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ABSTRACT

Fluid power transmits a surprisingly large amount of energy with remarkably low efficiency, providing an extraordinary 
opportunity to save energy, save money, improve the environment and create new businesses using more efficient fluid 
power technology. In this paper we will describe how new fluid power components and systems can significantly 
improve efficiency by creating more efficient systems and by improving the efficiency of individual components. This 
paper describes three applications; an excavator, a hydraulic hybrid vehicle, and a wind power generator; to 
demonstrate how fluid power saves energy in a cost effective way. In the excavator, elimination of throttling and 
regeneration can more than double fuel efficiency. Hydraulic hybrid vehicles are now entering the market where they 
are superior to electric hybrid vehicles for heavy applications such as refuse trucks and delivery vans. With improved 
technology, hydraulic hybrids could overtake electric hybrids as a cost-effective but efficient passenger vehicle. Wind is 
a rapidly growing power source, with the Department of Energy leading an effort to provide 20% of U.S. electricity 
from wind by 2030. Hydrostatic drives could replace mechanical gear boxes, extracting more power with higher 
reliability.
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INTRODUCTION

In 2010, Oak Ridge National Laboratory (ORNL) 
teamed with the National Fluid Power Association 
(NFPA) and with eighteen industry partners to quantify 
the impact of fluid power on the U.S. energy 
consumption [30]. The report on the study is still in 
draft form, but should be approved and published soon. 
The initiative for this study came from Lonnie Love of 
Oak Ridge National Laboratories, a member of the 
Center for Compact and Efficient Fluid Power 
(CCEFP) Scientific Advisory Board. The study was 

conducted by Eric Lanke and Pete Alles of NFPA. The 
goal was to quantify the amount of energy transmitted 
using fluid (hydraulics and pneumatics) and to predict 
potential energy savings from advancing fluid power 
technology. The study shows that there is a great 
potential to save energy in both industrial and mobile 
applications by using more efficient fluid power 
components and systems.  

In 2008, fluid power systems transmitted 2.3 to 3.0 per 
cent of energy in the U.S.A. To put this in perspective, 
the U.S. consumes approximately 100 Quads (1 Quad 
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is 1015 BTUs) of energy annually, with each Quad 
costing $20B if it is derived from petroleum. Since the 
U.S.A. represents approximately one third of the 
world’s economy, the worldwide transmission of 
energy via fluid power is around 7 to 9 Quads valued at 
$14 to $18 billion or more that one trillion yen. 

Moreover, the study revealed that fluid power systems
are remarkably inefficient with efficiencies ranging 
from 6% to 40%, depending upon the application, with 
an average efficiency of 21%. The largest fluid power 
energy uses were mobile hydraulics and industrial 
pneumatics with the hydraulics typically being more 
efficient than the pneumatics. The large amount of 
energy used and the inefficiency of current systems 
make it clear that investing in more efficient hydraulics 
and pneumatics can reap significant savings in overall 
energy use. 

A survey of the participating fluid power 
manufacturers predicts that a 5% improvement in 
efficiency is easily achievable with best practices over 
the next five years.  This near term objective could 
consumers and industry over $9 to $11 billion per year 
in energy costs and reducing emissions by over 33 
million metric tons of CO2 per year.   A longer term 
goal, through a strategic R&D program focusing on 
new controls, manufacturing and materials, could result 
in a 15% improvement in efficiency over the next
fifteen years.  Realizing this ambitious goal could save 
industry and consumers more than $19 to $25 billion
per year in energy costs and reducing emissions by 
more than 90 million metric tons of CO2 per year.  Just 
as important, an ambitious program to develop energy 
efficient fluid power could invigorate the fluid power 
industry increasing our manufacturing capabilities and 
competitiveness in the growing world market.

In making these projections, it is important to note that 
we are considering current applications only. The 
expansion of fluid power into new applications can 
significantly increase the impact on energy savings, 
sustainability and economic development. Examples of 
new markets with significant energy savings are 
hydraulic hybrid vehicles and wind power transmission 
using hydrostatic transmissions.

TOWARD MORE COMPACT AND EFFICIENT 
COMPONENTS AND SYSTEMS

The Center for Compact and Efficient Fluid Power 
(CCEFP) [1-3, 31, 32] is conducting research aimed at 
significant energy savings. The CCEFP has four goals. 
The first goal is to dramatically improve the energy 
efficiency of fluid power in current applications; the 
second goal is to improve the efficiency of the 
transportation sector by developing fuel efficient 
hydraulic hybrid passenger vehicles; the third goal is to 
develop un-tethered portable human-scale fluid power 
devices; and the fourth goal is to make fluid power 
more acceptable and ubiquitous. Thus the first and 
second goals are explicitly addressing the energy issue.

Figure 1, below, shows power and weight of the 
CCEFP test beds. These test beds; medical devices, 
robots, passenger vehicles, excavators and wind 
turbines; are carefully chosen to span the range of 
power and weight of interest. Note that the plot uses 
log-log scales so that the range of power and weight 
considered spans many orders of magnitude. The most 
significant energy savings can be realized in the larger 
systems; the hydraulic hybrid passenger car, excavator 
and wind turbine. Improving the efficiency of these 
systems will have a very large impact on overall 
energy consumption of the economy. The smaller 
systems; the robot and medical devices; will not save 
significant amounts of energy when compared to the 
overall energy consumption of the economy, but 
energy efficiency is very important for improving the 
performance of smaller systems. In the next sections, 
some details are provided on ways to increase the 
efficiency of the three largest test beds, the energy 
efficient excavator, hydraulic hybrid passenger vehicle 
and hydrostatic transmission for wind power. Due to 
space limitation, emphasis will be put on CCEFP 
research activities recognizing that many others around 
the world are making important contributions toward 
making more efficient fluid power systems.
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Figure 1: Power and Weight of Fluid Power Systems

ENERGY EFFICIENT EXCAVATOR

As an example of current application of fluid power in 
mobile hydraulics, consider the excavator. Excavators 
are important in their own right, but are also 
representative of off-road hydraulic applications more 
generally, with separate propel, steering and multiple 
work circuits that are used intermittently. Thus, 
approaches to making excavators more efficient have 
potential to be applied to other classes of machines.

An energy audit of a excavator executing typical dig 
cycles shows that over 40% of the energy is lost in the 
throttling valves with no possibility of recovery. 
Displacement control [43, 44, 45, 46] eliminates the 
dissipation from throttling by replacing control valves 
with variable displacement pumps. Displacement 
controlled actuation in reversible, allowing energy 
from one work circuit to be used to drive another work 
circuit instantaneously. With the addition of energy 
storage in an accumulator, even more energy can be 
saved.

The experimental displacement controlled mini 
excavator at Purdue has been independently tested at 
Caterpillar. The predicted reduction in fuel 

consumption of nearly one-half has been verified. 
Further, increases in digging productivity mean that the 
energy per unit earth moved, a more meaningful 
measure of efficiency, was reduced by more than half. 
The improvement in excavator efficiency has other 
benefits, notably the possibility of eliminating the 
cooling circuit [48]. With the transition from valve 
control to pump control, improving the efficiency of 
pumps with careful attention to all of the physical 
causes of loss becomes increasingly important [17]. 
Further improvements in efficiency can also be 
realized by carefully tailoring the hydraulic fluid to the 
application where high viscosity index fluids can 
increase efficiency be reducing the temperature 
sensitivity of the viscosity [16].

An alternative to controlling fluid power using 
throttling valves is to control fluid power using high
speed on-off valves, sometimes called digital valves. 
The idea is to control the flow by rapidly opening and 
closing the valve. Since ideally the valve is very 
efficient in the fully open or fully closed state, a very 
efficient control is created, with most of the dissipation 
occurring during transitions. The improvement in 
efficiency is analogous to the improvement in the 
efficiency of lighting control when rheostats were 
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replace by silicon controlled rectifiers (SCRs) enabling 
much more efficient control. Research of high-speed 
on off valves is using two approaches, a rotary valve 
[27, 28, 34, 40] and high speed poppet valves [5]. The 
development of high-speed on-off valves can also lead 
to digital pumps or pump-motors, an approach that 
promises to have broad applicability especially for 
vehicle applications where four-quadrant operation is 
needed [22, 23, 29, 41].

A promising but often overlooked opportunity to 
improve excavator efficiency is in developing more 
efficient and effective human-machine interfaces [10-
15, 21]. Improved human-machine interfaces can 
improve productivity since getting a job done faster 
means less fuel will be used. Better human-machine 
interfaces have the added advantage of decreasing 
operator fatigue, reducing the frequency of mistakes 
and increasing safety. Machine characteristics play an 
important role in user interface design. For example, 
the replacement of throttling controls with 
displacement controls creates a machine with different 
dynamics. This change, if not properly understood and 
dealt with, can lead to instability, a situation that has 
recently been addressed by CCEFP researchers [38, 39, 
45].

HYDRAULIC HYBRID PASSENGER VEHICLE

Since transportation uses about one third of our energy, 
improvement in transportation have an important effect 
on overall energy use. Hydraulic hybrid vehicles have 
been demonstrated to have greater efficiency and lower 
costs than electric hybrid vehicles in heavier 
applications such as refuse trucks and city buses. As an 
example of their expanding application, New York 
City is in the process of purchasing three hundred 
hydraulic hybrid refuse trucks. 

The hydraulic hybrid passenger car is an example of a 
new application of fluid power. Hydraulic hybrid 
vehicles are clearly superior for larger sizes, and 
efficient and cost-effective solutions are currently 
coming on the market. The situation is more equal in 
the passenger vehicles, with several recent studies 
showing that hydraulic hybrid vehicles are competitive 
with electric hybrid vehicles [18, 37]. Crucial to the 
comparison is the efficiency of pumps and pump-
motors, with future improvements in high-efficiency 
digital pumps and pump-motors tipping the balance in 
favor of hydraulic hybrid approaches. A recently 
between the U. S. Environmental Protection Agency 
(EPA) and Chrysler Corporation to develop a prototype 
Town and Country minivan hydraulic hybrid vehicle 
shows the commercial interest in migrating hydraulic 
hybrid approaches to the smaller passenger vehicle 
market.

There are four common hydraulic hybrid 
configurations, parallel, series, input coupled hydro-
mechanical and output coupled hydro-mechanical, 
where hydro-mechanical transmissions are also called 
power-split transmissions. The parallel configuration is 
the simplest form where a hydraulic regenerative unit 
is added to a conventional mechanical power train. 
Parallel hydraulic vehicles have high transmission 
efficiency, but poorer engine management, limiting 
efficiency. Series hydraulic hybrid vehicles replace the 
mechanical transmission with a hydrostatic 
transmission. Since a hydrostatic transmission is 
continuously variable, the series configuration has 
better engine management than the parallel 
configuration, but losses in the hydrostatic 
transmission can be greater than the gain in engine 
efficiency. This is the reason that efficient pumps and 
pump-motors are needed to improve series hydraulic 
hybrid vehicles. Of the vehicles just coming on the 
market, parallel configurations are favored for the 
refuse truck application, while series configurations are 
favored for the delivery van application.

A hydro-mechanical or power-split transmission is an 
attractive alternative to the parallel or series 
configurations where these transmissions can be of the 
input coupled or output coupled type [6, 36, 42]. 
Hydro-mechanical transmissions have two power 
transmission paths, a mechanical path and a hydraulic 
path. Hydro-mechanical hybrid hydraulic vehicles can 
potentially have better fuel economy than either the 
parallel or the series configuration since can be both 
efficient and continuously variable. 

Comparisons between hybrid vehicle concepts depend 
on many factors including component performance and 
sizing, duty cycle and control approach [19]. This 
makes valid comparisons difficult. Control based on 
dynamic programming is often assumed in comparative 
studies since it produces the optimum result 
theoretically, but dynamic programming cannot be 
used in practice because it requires future information 
[25, 33]. Real time control approaches that can prove 
effective are stochastic dynamic programming [24, 26] 
and model predictive control [7-9]. A three level 
decomposition with a Lagrange multiplier formulation 
has proven to be effective for the control of hydro-
mechanical hydraulic hybrid vehicles [20]. 

HYDROSTATIC TRANSMISSION FOR WIND 
TURBINE

Wind power will become an increasing important 
renewable source of electricity in the future with the 
United States Department of Energy (DOE) setting the 
goal of receiving 20% of our electricity from wind by 
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2030 [4]. Since the electrical generator must turn much 
faster than the blades of the turbine, wind power 
generators require a speed-up transmission. The current 
approach is to use a fixed ratio mechanical gearbox, 
but mechanical gearboxes are heavy, costly and 
unreliable. The unreliability is caused by fatigue from 
the multi-axis dynamic loading of the wind.

Hydrostatic transmissions provide an attractive 
alternative to mechanical gear boxes for wind power 
[35]. Hydrostatic transmissions are lighter and cheaper 
than gear boxes and can be made more reliable than 
gear boxes by using hydrostatic bearings to avoid 
fatigue. Although hydrostatic transmissions are less 
efficient than gear boxes their use can cause higher 
overall efficiency since the variable ratio can be used 
to increase the aerodynamic efficiency of the rotor. The 
variable ratio also allows the use of a synchronous 
generator, eliminating the cost and inefficiency of 
power electronics. The hydrostatic transmission also 
has a cushioning effect that increases generator life by 
isolating the generator from shock loading of the wind. 
One novel approach is to split the hydrostatic 
transmission with the pump located in the nacelle but 
the hydraulic motor located at ground level along with 
the generator and controller. This approach reduces the 
weight in the nacelle and allows easy ground level 
access to all major components for maintenance, repair 
or replacement.

CONCLUSION

A recent survey has revealed that fluid power transmits
large amounts of energy with low efficiency, providing 
an attractive opportunity to save energy, save money, 
improve the environment and create new businesses 
using more efficient fluid power technology. We have 
shown how significant efficiency improvements can be 
obtained for three examples, an energy efficient 
excavator, hydraulic hybrid passenger car and 
hydrostatic transmission for wind power. Efficiency 
improvements can come for more efficient components 
such as pumps and valves, but also from improved 
fluids. System architectures, controls and operator 
interfaces can also play a significant role in improving 
system efficiency. 
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ABSTRACT

As the quality requirements of hydraulic products 
becomes much higher, the hydraulic cavitation 
related problems such as noise, erosion and 
flowrate saturation, is addressed with more concern 
[1]. A lot of work of structure optimization has been 
done on hydraulic components for the improvement 
of cavitation resistance by our research team. 
Furthermore, we have investigated the relation 
between the valve structure parameter and 
cavitation property, for example cavitation 
incipience, intensity, shapes etc., as well as the 
effects on the hydraulic system especially the flow 
characteristics. On the other hand, we have paid 
much attention to gas nuclei in liquid media, which 
weaken the tensile strength of liquid greatly [2]. We 
also explore the existence form of the gas nuclei in 
the liquid, and investigate the collapse process of 
gas nuclei by high speed camera, and measure the 
collapse intensity of a single cavitation bubble. 

Fig.1 The force of the collapse of a single bubble 
measured by a drived ball 

=0
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=0.034

Fig.2 The cavitation morphology in U-type valve 
opening under different cavitation number
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WITH HAPTIC PERCEPTION USING PNEUMATIC ACTUATORS

Kenji Kawashima*, Kotaro Tadano*
                                                                                  

* Tokyo Institute of Technology
4259 R2-46,Nagatsuta-cho,Midori-ku, Yokohama, Kanagawa, 226-8503 Japan

(E-mail: kkawashi@pi.titech.ac.jp)

INTRODUCTION

Minimally invasive laparoscopic surgery is an effective 
method as alternative to open surgery. However, the 
degrees of freedom (DOFs) of typical surgical 
instruments in such procedures are restricted due to the 
use of trocars. Hence it demands expert skill on part of 
the surgeon. In order to solve this problem, robotic 
manipulators with multi-DOF forceps, have been 
reported as alternative to conventional instruments [1].
There are two types of forceps manipulators: handheld
ones that are highly compatible with conventional
surgical tools [2,3] and master-slave systems [4-7]. The 
master-slave system, though a complex system, allows
intuitive manipulation of surgical tools. To ensure more 
intuitive and much safer manipulation, haptic sensation 
to operators is an indispensable function of the system
[8-11].
The master-slave system often uses an electric motor
with a reduction gear having a high reduction ratio to 
realize precise positioning. Low back-drivability of the 
electric motor will require a force sensor at the tip of the 
forceps to detect minute forces. In practice, however, a 
force sensor at the tip of the forceps is not desirable in 
terms of miniaturization, sterilization, calibration, and 
cost. On the other hand, the use of direct-driven motors 
or geared motors with low reduction ratios will allow the 
estimation of external forces and the control of forces 
without the use of a force sensor. Such a motor, however, 
needs to be large enough to develop adequate drive 
torque, which makes it difficult to lighten or miniaturize 
the manipulator.
In such a context, we have worked on the development
of a robotic system for laparoscopic surgery with
7-DOFs. In this system, pneumatic actuators, instead of
electric motors, are used to detect external forces based 
on pressure values without a force sensor [12-14]. 
Pneumatic actuators with a high power-to-weight ratio 
obviates the need for a reduction gear in order to realize 
compatibility between adequate torque and high 
back-drivability, and it also makes the system smaller 
and lighter. The high backdrivability of the pneumatic 

actuator allows the detection of external forces from 
pressure data and compliance control of the system 
without the use of force sensors.
We have prototyped a model of surgical manipulators
named IBIS IV, which has high performance in the 
estimation of external force. We have developed a master 
slave system with the manipulator and evaluated its 
performance in terms of force estimation. This paper 
introduces on the developments of and subsequent
experiments with the system.

PNEUMATICALLY DRIVEN SURGICAL MANIPULATOR

IBIS IV

Fig.1 shows the designed and developed pneumatic
surgical manipulator named IBIS IV using pneumatic 
actuators The model consisting of a 3-DOF forceps 
manipulator including grasping and 4-DOF supporting 
manipulator has 7-DOF in total. 
As shown in Fig.2, the supporting manipulator consisting 
of 3-DOF in rotation centered at the point of entry 
through a trocar cannula and 1-DOF in translation in the 
direction of forceps insertion. Pitch (joint 1) and yaw 
(joint 2) motions are achieved using pneumatic cylinders 
whereas roll (joint 3) motion is achieved using a rotary 
vane type pneumatic motor. The fourth prismatic joint is 
also actuated using a pneumatic cylinder. By combining 
two parallel link arrangements and a gimbal mechanism,

Fig.1. Developed slave-side surgical manipulator
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the pivot point at the trocar cannula is rendered 
immovable mechanically without a large external force.
This
removes the need for the co-ordinates of the port position 
for kinematical calculations.
The forceps manipulator consists of a slender insert with 
a gripper at its extending tip and actuator housing for 
gripper, pitch and yaw at the other end, as shown in Fig.3.
The two joints for pitch and yaw are tendon-driven with 
pneumatic cylinders or pneumatic rubber muscles. Most
conventional multi-DOF-forceps use wire to drive the 
gripper; wire passed through over plural joints at the risk 
of interference with other joints. When especially strong 
gripping forces are to be generated, increased wire
tension to drive the gripper will also increase loads on
other joints over which the drive wire passes, resulting in
changes 
We have developed a new gripping mechanism in which 
a micro pneumatic cylinder and slider-crank mechanism
are in combined use to generate strong gripping forces 
without causing interference to other joints, as shown in 
Fig.4. This prototype can generate strong gripping forces 
of 25 N or more with the gripper in almost closed 
conditions. Such strong gripping forces are generated 
without the use of wire for power transmission, hence no 
loads are generated on other joints.
As shown on the schematic drawing of a tendon drive 
with 1-DOF in Fig.5, two sets of such tendon-driving 
systems are installed at right angles to each other about 
the direction of the forceps insertion. The pressure 
sensors are installed into the valve side of the air tubes. 
Encoders and potentiometers are installed on rotational 
joints and tendon drive mechanism, respectively. 
Measured position and pressure signals are sent to a 
computer for control, and the computed voltage signals 
are provided to the servo valves. The signals from joint 
position encoders, potentiometers and pressure sensors 
are sampled at 1000Hz by a 16-bit A/D converter, 
resulting in a force resolution of 0.05N.

Fig.2 Supporting manipulator with 4-DOF

Fig.3 Tip of forceps manipulator

Fig.4 Schematic drawing of gripper at the tip of forceps

Fig.5 Schematic view of tendon drive of forceps
using pneumatic cylinders

MASTER SLAVE SYSTEM

System Configuration

We have developed a master manipulator capable of
displaying sense of force with 6-DOFs. Fig.6 shows the 
developed master manipulator, in which a delta
mechanism for translation and a serial gimbal 
mechanism for orientation are in combined use to realize 
a wide working range as well as compactness. As there 
are no constraints on the fitting sensors in the master 
manipulator, we have installed a 6-axis, force sensor at 
the rotational center of the gimbal and have used AC 
servo motors with built-in Harmonic Drive for the 
actuator. Thus, we have adopted admittance control for 
the master manipulator.

10
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Fig.6 Developed master manipulator

Fig.7 Schematic drawing of master slave system

The master-slave system consisting of these 
manipulators is shown in Fig.7. Communications 
between master and slave are based on UDP/IP, which 
we have confirmed may cause a delay of 1 ms or less on 
local networks.

Bilateral Control

In our master-slave system, we have applied compliance
control to the slave manipulator to take advantage of
flexibility and back-drivability of the pneumatic drive.
This will help prevent excessive loads from generating
in-vivo, but may cause positional deviations between the
master and slave manipulators. 
Generally, however, operators
or the master manipulator during the task, but they get 
visual feedback on positions of the slave manipulator on 
the monitor, without any particular odd feelings. On the 
other hand, the master manipulator is provided with 
appropriate viscosity effects to constrain any trembling 
of the hands or the generation of excessive velocities.

Fig.8 Conceptual model of impedance-controlled
master-slave system

Fig.9 Block diagram of bilateral control

Based on the above-mentioned consideration, master and
slave manipulators are so controlled as to be provided
with the following impedance characteristics.

slave:     (1)

master:                (2)

where,
R6 1: Positional vector of the forward tip of the 

slave
R6 1: Positional vector of the forward tip of the 

master
R6 1: Forces applied to environments by the forward 

tip of the slave
R6 1 : Forces applied to the master by operators
R6 6 : Set inertia for the slave
R6 6 : Set inertia for the master
R6 6 : Set viscosity for the slave
R6 6 : Set viscosity for the master

R6 6 : Set rigidity for the slave

Fig.8 shows a 1-axial conceptual model of an
impedance-controlled master-slave system. 
The impedance control is classified into a force-control 
type and a motion-control type. For pneumatic 
manipulators, impedance control based on force control 
is considered to be the most suitable because of the high 
back-drivability and flexible characteristics. Therefore, 
as shown in Fig.9, the slave manipulator is controlled by 
impedance control with internal force-control loops, and 
the master manipulator, by admittance control. 

Controlle
9 respectively refer to the PI controller for the drive force 
of the pneumatic actuator and to the PID controller for 
angular velocities by the motor driver. Function Z 
represents an inverse dynamics model of the slave 
manipulator, where reference drive forces fref on the slave 
side are dealt with as estimated external forces to be 
transmitted to the master side.
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EXPERIMENTAL RESULTS

We have conducted experiments with the system to
evaluate its performance in estimating external forces.

Forceps Position Control

Firstly, in order to evaluate the performance of the slave 
manipulator, joint position tracking was performed with 
a sinusoidal reference input. Selection of a harmonic 
reference is guided by a simplistic approximation of the 
suturing operation during which we intend to measure 
the external forces. The range of amplitude and 
frequency is chosen based upon the practical bandwidth 
requirement during a master-slave laparoscopic surgery. 
For the first experiment, movement was unhindered with 
no contact with the external environment. The system 
was tested by varying the amplitude of the reference 
angles from 0 to 30 deg and frequencies between 0.1 to 
4.5 Hz.
The control parameters are tuned manually for optimal 
results. Fig.10 shows the experimental result of position 
tracking at 0.5 Hz using pneumatic rubber muscles. It is
clear that the error in position tracking for the tip joints is 
negligibly small.

Force Estimation

In the second experiment, the performance of the 
developed controller was calculated for its accuracy and 
sensitivity in external force perception. For this purpose, 
a suture thread bound to a rigidly fixed force sensor (BL 
AUTOTEC.LTD., NANO2.5/2) was gripped and pulled 
by the forceps manipulator while tracking a sinusoidal
reference, as shown in Fig.11.
Fig.12 shows the combined plot of the magnitude of the 
estimated force and the joint force obtained from the 
output of the force sensor along Z axis direction. It is 
observed that errors in Z axis are within approximately 
0.5 N that is around 16% of the maximum estimated 
force. The largest errors are observed during the
unhindered motion when the output of the force sensor is 
zero. This error is attributed mainly to the inadequate 
modeling of the frictional forces in the mechanism which 
are dominant during unimpeded motion of the forceps.

Fig.10 Position tracking of slave manipulator 

Fig.11 Experimental setup for force estimation at tip

Fig.12 Experimental results of force estimation at tip 
joint

Fig.13 Force estimation set-up for supporting 
manipulator

Fig.14 Experimental results of supporting manipulator
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Table 1 Impedance parameters

Ms 0.02 Kg
Mm 1.0 Kg
Bs 0.02 Ns/mm
Bm 0.009 Ns/mm
Ks 0.6 N/mm

In the next experiment, the forces acting on supporting 
part are estimated during contact with the external
environment. The experimental set-up is as shown in 
Fig.13. A sine wave driving signal with the frequency of
0.5 Hz is applied to a joint. The estimated forces are 
compared with those obtained from the force sensor.
The experimental results of forces estimation are shown 
in Fig.14. The experimental results indicate that IBIS IV 
estimates external forces with a sensitivity of 0.5 N

Experimental Results in Bilateral Controls

With the above-mentioned system in which impedance
parameters are set as per Table 1, we have carried out a
suturing task on a dummy organ, as shown in Fig.15.
Fig. 16 shows a part of the experimental results with 
respect to y-axial responses of positions and forces for 
the master and slave manipulators; the operator is 
handling the thread to form a knot until approximately 
60s. During this time, there are almost no forces 
generated and the slave manipulator follows up the 
master manipulator very closely in positions. In the lapse 
of about 60 s, the operator has started pulling the thread 
and tightening knots, at which time there are forces of as 
much as 2 N generated. Positional deviations of the 
master and slave manipulators are proportional to 
external forces as per the set values of stiffness Ks, and 
the master and slave manipulators

In-vivo Experiments

We have conducted, using the developed master-slave
system, in-vivo experiments on a pig, as shown in Fig. 
17.

Fig.15 Suturing experiment

Fig.16 Experimental results of bilateral control 

Fig.17 In-vivo experiment

The experiments had the following objectives:

(1) to confirm the motions of the manipulators in intra-
abdominal environments,

(2) to confirm setting up procedures in surgical sites, 
and

(3) to obtain data on forces in in-vivo environments.

We have carried out the task of pushing a needle into the 
liver and intestines and then suturing them under 
pneumoperitoneum. We have found from the 
experiments that the forward tip of the manipulator, in 
particular the gripping mechanism, works very well in 
handling the curved needle at strong gripping forces
without any adverse effects from body fluids. The 
suturing task in the abdomen was smoothly 
accomplished by the operator. Against concerns about 
possible deviations in positions between the remote
center of motion of the manipulator and the actual 
insertion point due to respiration or changes in 
abdominal air pressure, in practice, no deviations in 
position have been observed when the forceps 
manipulator is inserted.
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In the in-vivo experiments, we confirmed that the 
machine can successfully perform suturing tasks in the 
abdomen of the subject.
A sensitivity of 0.5 N is considered sufficient to sense the 
tensions in tightening suturing thread, according to
reference [8] and in-vitro experimental results. This 
degree of sensitivity, however, is not enough to get a feel
when soft organs are lightly pushed down. We therefore
need to further improve force sensitivity of the 
manipulator in the future. Further miniaturization and 
lightening of the manipulator will enable it to estimate 
external forces to a much higher degree of sensitivity. At 
the same time, we may have to quantitatively evaluate 
and clarify the actual relations between force sensitivity 
and the efficiency safety of the task in the future.

CONCLUSIONS

In this paper, we introduced our work on the
development of a master slave robotic system for 
laparoscopic surgery. In the system, pneumatic actuators, 
instead of electric motors, are used to drive the slave 
manipulator to detect external forces based on pressure 
values without a force sensor. We have developed a
master slave system with the manipulator and evaluated
its performance in terms of force estimation. The
experimental results indicate that the manipulator named 
IBIS IV estimates external forces with a sensitivity of 0.5
N. Moreover, some in-vivo experimental results were 
demonstrated. We confirmed that the suturing task in the 
abdomen was smoothly accomplished by the operator.
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ABSTRACT 

This new pipe bending method was adopted as a strategic fundamental support program of government. In 
this program, original bending machine was manufactured using induction heating and tested 100A pipe 
bending for obtaining condition of pipe thickness without reduction. In this bending machine, because of 
accurate pipe thrust control is required, hydraulic servo control was successfully applied. Until now, we have 
been concerned with three dimensional cold bending machine using parallel link head. For large pipe
application such as diameter of 50-60mm, hydraulic servo control was introduced. But more large size 
application for chemical, petroleum and power generation plant, hot induction heated bending is required. In
the year of 2000-2008, new hot bending machine was developed by Miyasaka and Sato in Hachioji Branch 
Campus of KOGAKUIN University[1]. The bending machine is based on the new concept of without 
reduction of pipe thickness by applying axial compression thrust force. 

KEYWORDS 

Oil-hydraulic servo, Pipe Bending machine, Hot bending, High-frequency heating 

OUTLINE OF NEWLY DEVELOPED 

BENDING MACHINE 

Piping system of chemical, atomic power plant 

and so forth are composed of enormous number of 

welded pipe and elbow combination. 

This study is aimed to replace this welded 

elbow-straight pipe combination by new bent pipe 

produced by local induction heating under 

compressive axial load. 

This new bending principle is disclosed in

Japanese patent #2010-131649. 

Feature of the patent is to make it possible to 

determine neutral position of bending independent of 

pipe bending radius. 

 That is, by this invention, for example, if to assign 

neutral position toward the pipe outer or inner 

position, total section of pipe becomes under 

compression or tension stress, respectively. 

 Conceptual diagram is shown in Figure 1, where 

pipe thrust force is produced by the differential 

movement of pulley and carriage controlled by the 

velocity difference of pull and push wire rope. 

In Figure 2, pipe bent state at induction heated 

zone is shown.
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Fig. 1 Principle of new bending method 

                    Fig. 2 Pipe bent state at induction heating zone 

compression
load Wf

compression
load We

annular
heating zone

heating coil

Induction
heating coil

hydraulic
actuator for pull

hydraulic
actuator for push

carriage

pipe to bend

pipe clamp

pulley

Pull wire
Push wire for braking
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Applying fW  force by pull cylinder and gW

braking force by push cylinder, pipe heated zone is 

bent under axial load to create circular profile. 

Figure 3 is a model diagram of hydraulic thrust 

control system. In Figure 4, detail diagram of pulley 

part is shown. 

 Designating fV  as pull relative velocity to the 

carriage and gV  as push backward velocity to the 

carriage, carriage relative velocity or pipe feed 

velocity is given as follows. 

2
gf

p

VV
V          (1) 

 Position where pulley rotational velocity relative to 

the pipe is zero, corresponds to the neutral position 

of pipe bending.  

If defining gf VV /   and pulley radius pR ,

pRX /  is given as follows,  

1
1

pR
X

(2)

For accurate control of X  position, it is necessary 

to determine  value precisely. So that 

electro-hydraulic flow control using servo valve is 

attempted for cylinder velocity fV  and gV

determination. Velocity diagram including gradation 

control is shown in Figure 5. 

Fig. 4  Detail of Pulley Part 

Fig. 3 Hydraulic Control System Model of Axial Thrust Force

carriage

Induction
heater

G Cylinder

F CylinderPipe

X R

Vf

Vg

O Vp

Pipe sensor

Servo
motor

SERVO VALVE
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Fig. 5  Example  of  Velocity  Diagram 

OUTLINE OF EXPERIMENTAL APPARATUS 

Bending machine is composed of A) machine base 

B) pipe clamp C) cylinder support box, F, G 

cylinders and pipe to bend D) pulley that is driven by 

wire rope coupled with F, G cylinders E) pulley 

support F) 3 axis induction heating coil moving 

table. 

 Incremental position sensor is incorporated in F, G 

cylinder rod end. 

 Bird eye view of bending machine is shown in 

Figure 6. 

Hydraulic system is consisted of three components,  

such as hydraulic cylinder, hydraulic unit and servo 

pack as shown in Figure 3. 

 Main function of hydraulic system is accurate 

velocity control of fV  and gV  of F, G cylinder, 

respectively. 
 Both cylinder specifications are 200× 300×3000

stroke and 30 ton output force.  

Fig. 6  Bird Eye View of Assembled Bending Machine 

Coil VelocityCoil Velocity

Start of Bending End of BendingLength of Pipe
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Controller is composed of FA-PC/windows attached 

to SPX motion controller. Main function is accurate 

control of fV  and gV .
Controller block diagram is shown in Figure 7. 

Three input signals shown in Figure 5 are generated 

by four inputs of F, G cylinder position, pipe 

position and pulley rotational angle.

High frequency heating device is composed of high 

frequency oscillator, transformer and heating coil.

 Bending system is classified in base part, bending 

main body composed of cylinder and pulley, 

transformer table and stroke measurement part, are 

shown in Table 1. 

Fig. 7 Control  block diagram

Bender main 

body 

Base  composed of main frame and end frame L=10350mm, W=2760mm, H=430mm 

Carriage two piece bolt structure (3425×1600 m) F, G cylinder are clamped in side wall 

Pulley Diameter 2010 driven by wire coupled with F, G cylinder 

Transformer 

table 

3 axis drive 

3 axis motor 

X-Y-Z 3 axis movable  Z= 80mm Y, Z=±10mm  

Z axis: AC servo motor   X,Y; AC motor 

Position sensing pulse sensor 

25 m pitch 

F, G cylinder 

Stroke 3000mm  ERGO  JAPAN 

F servo valve flow
command

G servo valve flow
command

Coil movement
command

Pipe position
Digital scale 400mm

Pulley rotational
angle

F cylinder
tape

G cylinder
tape

Controll
er

Display

Table1 Bending machine specification
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EXPERIMENT OF STEEL PIPE 

  At first, experiment of 1.33DR, so called, elbow 

bending was conducted using 50KVA high 

frequency power source.  1.33 DR means DR /
=1.33, where R: radius of bending of pipe center, 

D: diameter of pipe. 

   90 degree bend of 5 samples was tried. Used pipe 

is STPG 370-E material, nominal outer diameter 

114.3 mm, nominal thickness 8.6 mm. Bending 

radius is 152.4mm. Bending velocity is set as 

0.75mm/s. 

  As shown in Figure 8, thickness decrease of 

tension side becomes small by giving strong 

compression force to the pipe, putting neutral axis 

outward by velocity ratio gf VV /  large. 

Measured values in Figures 8 and 9 are minimum 

thickness and mean thickness of measured domain, 

respectively. 

 Actual bent profile is shown in Figures 10 and 11, 

respectively. In the former case, no wrinkles were 

observed. But, in the latter case wrinkle was 

observed  in the outlet domain. 

 If large compression force is imposed aiming zero 

thickness reduction, danger of wrinkle is difficult to 

avoid. Therefore, to allow a little reduction of 

thickness at the tension side is considered practical. 

If we consider pipe thickness variation, no thinning, 

reduction-less bending is not always effective. 

 By the thinning of bent pipe, plant designer is 

forced to select pipe thickness of one size up. 

Problem is how to avoid this situation. We could 

obtain practical  solution by the optimum selection 

of velocity ratio gf VV / .

      Fig. 8  Relationship between velocity ratio              
     and thickness (minimum value comparison ) 
      s

comparison ) 

   Fig. 9 Relationship between velocity ratio  
and thickness (mean value comparison ) 

Fig. 10  Right angle bent profile , 
 Velocity ratio 1.53 thickness variation -2.7% 

Velocity ratio Vf/Vg

Thickness

Variation

(%)

Thickness

Variation

(%)

decrease of thickness

Velocity ratio Vf/Vg

Mean value

Mean value
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Fig. 11  Right angle bent profile velocity ratio 
1.53 thickness variation -3.0% 

CONCLUSIONS 

New bending method without thickness reduction 

is realized by the joint work of T. Satoh and K. 

Miyasaka [1] under the sponsorship of Japanese 

government fund. This machine is hot bending 

machine of high frequency induction heating. 

 Performance of axial thrust force control was 

confirmed effective to prevent thinning of bent pipe. 

By the experiment of 100A pipe, nearly thickness 

reduction-less bending was realized. 

 This bending method is anticipated to contribute to 

the large scale plant construction by the economical 

pipe usage. 

 In the end of this paper, I express my sincere thanks 

to Y. Ishikura for his cooperation of experiment and 

also I. Kikuchi of president of Kikuchi Company for 

his support of this development. 

REFERENCES 

1  K. Miyasaka; Dieless pipe bending by high 

frequency induction heating, Journal of Japan society 

for technology of Plasticity, 2010, 51-591

      

21
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



SMART FLUID POWER SYSTEMS UTILIZING 
ELECTRO-/MAGNETO-RHEOLOGICAL FLUIDS 

Masami NAKANO* 
                                                                                   

 * Intelligent Fluid Control Laboratory, Institute of Fluid Science 
Tohoku University 

 2-1-1 Katahira, Aoba-ku, Sendai, 980-8577 Japan 
(E-mail: m-nakano@fmail.ifs.tohoku.ac.jp) 

ABSTRACT 

Electro(ER)-/Magneto-rheological (MR) fluids typically undergo abrupt changes in their rheological properties in 
general when subjected to an external electric or magnetic field. In a hydraulic circuit system using the ER or MR Fluid, 
the ER or MR valve can be constructed to control the flow rate and the pressure drop, so that smart fluid power systems 
are realized by using the ER or MR fluid. In this paper, two typical smart fluid power systems utilizing the ER or MR 
fluid are introduced. One is a developed Braille display system driven by micro-diaphragm ER actuators controlled by 
micro ER valves fabricated by a photolithography technique. The other is a newly developed passive type MR damper 
using two permanent magnets, MR valves and check valves, which has variable damping characteristics as well as an 
existing semi-active damper, although it is fully passive device without any sensor, power supply and controller. 
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INTRODUCTION

Electro(ER)- or magneto-rheological(MR) suspension is 
an exciting family of the functional fluids that behaves 
like a Bingham fluid having yield stress which can be 
rapidly changed in a reversible manner by applying 
electric or magnetic field [1, 2]. This rheological change 
is caused by the formation of fibrous structure 
consisting of the dispersed particles, which are 
polarizable under electric or magnetic field. In a 
hydraulic circuit system using ER or MR suspension, 
when the ER or MR suspension flows through the slit 
channel between two electrodes or magnetic poles, the 
dispersed particles are polarized and form many particle 
clusters, so that the flow rate and pressure drop across 
the channel can be controlled by changing the electric or 
magnetic field strength applied to the channel because 

the flow resistance due to the clusters changes with the 
electric or magnetic field strength. That is, the valve 
consisting of only electrodes or magnetic poles with no 
moving parts is realized using ER or MR suspension as 
a working fluid of the hydraulic circuit system. The ER 
or MR valve has some advantages such as simple and 
compact construction, high response rate and
controllability, so that it is anticipated some smart 
applications to fluid power systems [3].  
In this paper, firstly the rheological behaviors and some 
features of the ER and MR suspensions are briefly 
introduced. And then, typical two smart fluid power 
systems utilizing the ER and MR suspensions are 
described. One is a developed Braille display system 
driven by micro-diaphragm ER actuators controlled by 
micro ER valves fabricated by a photolithography 
technique. The other is a newly developed passive type 
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MR damper using two permanent magnets, MR valves 
and mechanical check valves, which has variable 
damping characteristics and excellent damping effect 
for single-degree-of-freedom vibration system, although 
it is fully passive device without any sensor, power 
supply and controller. 

ER AND MR FLUIDS 

Electro- and magneto-rheological fluids are suspensions 
that respond to an applied electric or magnetic field with 
a dramatic change in rheological behavior. The essential 
characteristics of these fluids is their ability to 
reversibly change from free-flowing, viscous liquids to 
semi-solids having a controllable yield stress in 
milliseconds when subjected to either an electric or a 
magnetic field. A simple Bingham-plastic model is 
effective in describing the essential field-dependent 
fluid characteristics. In this model, the total shear stress 
  is given by 

                      (1) 

where  is the yield stress caused by the applied field, 
 is the shear rate and  is the field-independent 

plastic viscosity. The various different properties of the 
ER and MR suspensions are summarized in Table 1. 

Table 1 Properties of ER and MR suspensions 

ER Suspension MR Suspension

Max.yield stress 2-5 kPa 50-100 kPa 

Max. field 4 kV/mm 250 kA/m 

No-field viscosity 0.1-1.0 Pa s 0.1-1.0 Pa s
Operable temp.  
range

+10 to +90
  (ionic, DC)

-40 to +150 

Response time <milliseconds <milliseconds 

Density 1-2 g/cm3 3-4 g/cm3

Power supply 2-5kV/1-10mA 2-25V/1-2A 

ER FLUID BRAILLE DISPLAY SYSTEM 

ER suspension is suitable for MEMS applications, 
because the electric field can be applied by two 
electrode plates which can be manufactured in small 
size. Nakano et al. developed three-port micro ER 
valves [4] by using ER suspensions. In order to support 
visually-impaired person, a Braille display system using 
the micro ER valves has been developed [5]. 
Micro-Diaphragm ER Actuator 

The developed system displays Braille by changing 
each height of 6 dots. 6 tactile pins must be allocated in 
a 3.8 mm × 6.1 mm rectangle. Therefore, channels must 
be integrated in the narrow space.  A micro-diaphragm 

Figure 1 Actuation mechanism of ER micro-diaphragm 
actuator

actuator using a polyurethane film of 0.02 mm thickness 
and very low stiffness is developed. This actuator 
controlled by a pair of micro ER valves pushes up the 
dot as shown in Figure 1. The pressurized ER 
suspension pushes up a diaphragm when the valve 1 and 
2 are respectively opened and closed. On the other hand, 
the diaphragm shrinks due to its elastic restoring force 
when the valve 1 and 2 are closed and opened, 
respectively. The diaphragm actuates a tactile pin on it 
and exerts force on a finger. The supply pressure which 
exerts the required display force of 0.15 N is measured 
to be 238 kPa. The length of an electrode Le is 
calculated by the following equation :

2e ER
ER

hL P          (2) 

where h, ER, and PER are gap height between 
electrodes, yield stress and pressure drop of an ER valve, 
respectively. ER suspension containing 20 vol.% 
sulfonated polymer particles (Nippon Shokubai Co., 
Ltd.) of 5 m in average diameter is used. E2 and ER
have a correlative relationship of ER=0.3271E2. When 
the height h is 0.3 mm, electric field strength E is 2.5 
kV/mm and PER =238 kPa, the electrode length Le is 
17.5 mm. 
Braille Display System Driven by Micro-Diaphragm 

ER Actuators 

ER valves and flow channels are three-dimensionally 
fabricated by photolithography. Figure 2 shows an 
exploded view of the actuators. 12 valves are allocated 
parallel in a lower channel. The length of an electrode is 
20 mm that includes the estimated length of 17.5 mm 
and margin. ER valves and rectangular channels are 
formed by ITO (Indium Tin Oxide) electrode film and 
photo resist. Height and width of a channel are 0.3mm 
and 1.5 mm, respectively. ER fluid is supplied from the 
inlet and flows an upper channels. The upper channels 
guide the fluid to 6 pins display part. 
On the top of the actuator, 6 pins display part is 
mounted. As shown in Figure 3, two plates sandwich a 
diaphragm film  and  6 pins inserted in the top plate’s 
holes. In order to limit the pin height, a stopper 
mechanism is designed. A pin and a hole have stepped 
sections and there is 1.1 mm gap between the sections. 
When the pin is pushed up 1.1 mm in height, the 
stepped sections collides with each other and the height  

Le

h
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Figure 2 Exploded view of 6 units actuators 

Figure 3 Tactile pin display mechanism of micro- 
diaphragm ER actuator 

Figure 4 Photograph of a 6 units ER actuator for Braille 
display 

(a) One pin           (b) Six pins 
Figure 5 Braille displaying by 6 units actuator control

is limited. And the top of the pin is raised 0.5 mm above 
the top plate.  
Figure 4 shows the developed Braille display. The size 
of the 6 units actuator is 90 mm × 45 mm × 31 mm 
(width × depth × height). ER fluid is pressurized by Ps
=230 kPa argon gas and electric field strength E =3.3 
kV/mm applied to electrodes is controlled by a 
computer. Figure 5 shows a snapshot of controlling each 
height by 6 units ER actuator. The displacement of the 
top of the pin is measured by a laser displacement 
sensor. The maximum height is about 0.5 mm and the 
height is changed from 0 mm to 0.5 mm within 0.1 s. 
The transition from 0.5 mm to 0 mm is relatively slow 

since the pin is pulled by film’s elastic restoring force. 
But still, the pin is returned under 0.1 mm in height 
within 0.5 s. 
As described above, the developed 6 units ER actuator 
appropriates Braille display system. However, in order 
to develop the wearable device, the size of the actuator  
is not sufficient. Smaller actuators and a pump for 
supplying ER fluid will be developed in the next step. 

PASSIVE TYPE MR DAMPER WITH VARIABLE 

DAMPING DEPENDENT ON DISPLACEMENT 

AND VELOCITY 

A novel MR damper which has the same variable 
damping characteristics as an existing semi-active 
control but no active component has been proposed and 
developed [6]. The damping force changes in response 
to the sign of the displacement and the velocity, which 
is effective in reducing vibrations. Moreover, the 
damper has an advantage in high reliability, since the 
damper is composed of only passive components such 
as MR fluid, permanent magnets, and check valves. 
Passive Type MR Damper 

The schematic drawing and the photograph of the passive 
type MR damper are shown in Figure 6. The damper has 
the two permanent magnets on the ends of the cylinder in 
order to apply the magnetic field to the MR fluid, and 
some components consist of ferromagnetic materials such 
as low-carbon steel so as to transmit well the magnetic 
flux. In Figure 6, ferromagnetic components are drawn 
with light gray and non-magnetic materials are drawn with 
white, that is, the cylinder wall, piston head, and side 
flanges consist of ferromagnetic low-carbon steel and the 
piston rod is combined with ferromagnetic and 
non-magnetic materials. These magnetic structures 
provide magnetic circuits in response to the displacement 
of the damper. Moreover, a couple of the piston head have 
the annular orifice and the bypass orifice with the check 
valve in which the flow is one way, and hence, the passage 
of fluid flow depends on the sign of the damper velocity. 
These unique internal structures provide useful damping 
characteristics which are explained in Figure7. 

Figure 6 Schematic drawing and photo of developed 
passive type MR damper 
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Figure 7 Mechanism of passive type MR damper 

Figure 8 Damping force vs. damper displacement 

Figure 9 Acceleration response characteristics of 
SDOF system in base excitation test 

When the piston is located at the right side as shown in  
Figure 7(a), (b), a magnetic circuit through the right side 
magnet and piston head is formed. Besides, if the piston 
moved to right as Figure 7(a), the fluid passes through the 
bypass orifice of the right piston head and the annular 
orifice of the left one. Here, the pressure drop through the 
bypass orifice is rather small because of its wide passage 
and that through the annular orifice at the left side is also 

small since the applied magnetic flux is quite small there. 
Therefore, the damping force in the case of Figure 7(a) 
becomes small. On the other hand, the damping force in 
the situation of Figure 7(b) becomes large, since the fluid 
flows in the right side annular orifice where the magnetic 
field is applied. Consequently, we can say that the 
damping force becomes larger when the sign of the 
product of the velocity and displacement is negative, and 
it becomes smaller when the sign is positive.  
Damping and Response Characteristics 

Figure 8 shows the damping characteristics under 
sinusoidal excitation with a frequency of 0.1Hz and 
amplitude of 5cm. Here, positive displacement means that 
the damper extends and the arrows show the direction of 
the motion. The damper without the permanent magnets 
behaves as an ordinary passive damper in which the 
damping characteristics depend on only velocity. On the 
other hand, the damper installed the magnets shows quite 
unique damping characteristics which are provided by the 
MR effect. The passive type MR damper changes the 
damping force at interval of 1/4 cycle, in other word, the 
force strength changes in response to the signs of 
displacement times velocity. The damping characteristics 
are in accordance with the expectation and with one of 
semi-active control proposed by Rakheja.  
The response characteristics of single-degree-of-freedom 
(SDOF) system under a sinusoidal excitation are shown in 
Figure 9. The amplification factor of the acceleration is 
defined as the ratio of the measured maximum 
accelerations between the mass and the shaking table. the 
proposed MR damper can decrease the acceleration 
response around the resonance frequency, and besides the 
response at higher frequency is equivalent to that of no 
magnetic case. This result indicates that the proposed 
damper provides quite superior performance to ordinary 
passive dampers in a wide range of frequency. 
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1. Preface 
In recent years, in the context of 
globalization, diversification, and 
complication of world markets and in terms 
of prevention of global warming, keywords 
such as “environment and energy-saving” are 
necessarily used when launching products 
onto the market. “EnergyEnergyEnergyEnergy----savingsavingsavingsaving” by 
improving efficiency and performance may 
reduce energy consumption, and eventually 
reduce the use of fossil fuels. “Renewable Renewable Renewable Renewable 
energyenergyenergyenergy” such as wind power, water power, 
solar energy, and ocean energy may produce a 
similar effect. Examples of “material material material material 
recyclingrecyclingrecyclingrecycling” may include recycling and reuse. 

Recently, water shortages have become an 

international concern, particularly, shortages of 

drinking water. From this standpoint, the “water 

supply industry” has changed its business model 

from the public to the private sector. Several 

countries such as France, Singapore, and Korea are 

globally competitive in the market. It is has been 

called a “water major replacing an oil major.” As in

other countries, Japan intends to strengthen national 

commitment to increasing organizational 

competitiveness . Water is essential to human 

beings.

 

Water” has properties that can be readily 
understood by combining the said three 
keywords (namely, energy-saving, renewable 
energy, and material recycling). Natural 
water exists in different forms, such as 
seawater, groundwater, well water, rainwater, 
mine water, vapor, and ice. It is reported that, 
of all the natural water available on the 
entire planet, only about 3% is fresh water, 
and the remaining 97% is seawater. Natural 
water is mainly used for daily life, industry, 
and agricultural use. The water problem 
varies by area. In advanced countries, water 
supplies for daily life and industrial use 
cannot keep up with demand, while in 
developing countries, degradation of water 
quality and especially shortage of drinking 
water are serious problems. Such social 
situations and “world of water utilization” 
are represented in Fig. 1. 
Since water is such an important substance, 
it is urged that its effective use must be 
considered from every perspective. As well as 
using water itself directly for conventional 
purposes (such as for daily life, industrial, 
and agricultural use), a new approach, ADS 
(Aqua Drive System: a new water hydraulic 
system technology), is proposed to use “water 
for fluid power transmission.” Technology 
research and development of Aqua drive 
systems or ADS began in the 1980’s and the 
outcomes of that research have already been 
introduced in drives for industrial machines 
and equipment in various industries (1). The 
graph in Fig. 2 shows the conventional “use of 
water itself” overlaying “ADS utilizing water 

Fig. 1 Social context and “water use” Fig. 1 Social context and “water use” 
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as its working fluid” by placing flow rates in 
the horizontal axis and pressures in the 
vertical axis (2). 
 

 
 
In a region where the flow rates are high and 
pressures are low, ADS incorporates 
“centrifugal pumps”; whereas, in regions 
where flow rates are low and pressures are 
high, it often uses “positive displacement 
pumps”. Desalination technology that utilizes 
the reverse osmosis membrane (RO 

membrane) incorporates both pumps and 
ADS also actualizes its technology as a 
system. 
This paper discusses this new dimension of 

ADS in terms of “market characteristics”, 
component characteristics, technological 
challenges, performances and introduces 
“application examples” (3, 4, and 5). 
 
2. Identifying ADS markets and developing 

the technology 
Figure 3 describes processes for market and 
technology development. 
First, identifying markets for ADS is vital for 
developing the technology. Markets that 
maximize benefits from the characteristics 
and added value of ADS are different from 
those for oil hydraulics, despite that they 
both provide the fluid power. As markets for 
ADS (water hydraulics), for example, the 
fields of food processing, semiconductor 
devices, packing devices, precision and clean 
molding and environmental/civil engineering 
are shown in the figure. The fields require 
products that have elements of hygiene, 

cleanness and washability, high 
temperature/humidity tolerance, and 
conformity with nature. Moreover, satisfying 
demands for ease of maintenance/servicing, 

Fig. 2 “World of water utilization” expressed in a 
pressure-flow rate relationship 

Fig. 3 Identifying ADS markets and developing the technology 
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interests in reducing overall costs for the 
purchase and disposal of working fluid (it 
means tap water here) and for system 
maintenance are the keys for introducing 
ADS in the markets. Once the target markets 
are specified, unique ADS technology to be 
developed to minimize risks in uses’ systems 
shall be clarified. 
In Figure 4, the idea of identifying the 
market is expressed as “Building ADS.” In 

this phase, specifying the key technologies 
(ADS components and systems) is of great 
importance in component development. 
This figure provides a snapshot of the “big 
picture” for ADS application fields focusing 
on “drives and environmental friendliness.” 
For drives for machines and equipment, 
mostly electric, oil hydraulic and pneumatic 

drives have been used. Fields where the 
required power density is high, oil hydraulic 
drives are advantageous. Those where the 
required power density is low, pneumatic 
drives have been applied, and electric drives 
have often been used to fill the gap between 
the power requirements. From the 
standpoint of fluid power levels, the author 
roughly grouped the drives-oil hydraulics, 
electrics and pneumatics-into high, middle 

and low pressure levels, respectively. 
Provided that ADS produces working 
pressures that an oil hydraulic drive can 
provide, it offers the benefits of compactness, 
high speed and high power density inherent 
to fluid power, as well as superior 
environmental friendliness and ease of 
maintenance/service. 

Fig. 4 Grouping of fluid power drives vs. environmental friendliness 
(adding the “the world of traditional water use”)
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ADS offers a very wide range of driving 
pressure (0.3 MPa to 14 MPa), from high 
pressure at the level of oil hydraulics to very 
low pressure at the level of water supply and 
industrial water supply network pressures. 
The “world of water utilization” is added at 
the bottom right in the figure. Unlike oil 
hydraulic drives, which employ iron as their 
basic material and are often used in the 
iron-oriented heavy industry field, the 
market for ADS is basically made of clean 
stainless steel, is likely to expand globally in 
the future, and is compatible with the light 
industrial market, including, for instance, 
the medical and pharmaceutical markets, 

foods, cosmetic products, and consumer 
products industries, with increasing demand 
for “environmental friendliness”, 
energy-saving and resource-saving. From 
now on, when selecting a driving source, it 
will be increasingly required to start with 
strong criteria for “environmental 
friendliness and ease of 
maintenance/service.” 

3. Technology development of ADS 
The essential components in ADS technology 
are water hydraulic pumps, motors and 
valves. These components are built in such a 
way as to allow movement and clearance of 
component parts in applications which have 
important underlying tasks that must satisfy 
two functions simultaneously, “sliding and 
sealing.” When introducing ADS, the 
technologies determine the “efficiency and 
durability” of the components, that is “the 
heart of the components.” 
The journey of fluid power development 
started in 1795 when an Englishman, J. 
Bramah, invented a water hydraulic press (6). 

Later, the discovery of mineral oil solved 
difficulties associated with water hydraulics, 
and “oil film and corrosion control” has 
drastically changed technology for fluid 
power components from water hydraulics to 
oil hydraulics. Now, as we reconsider “water”, 
the opposite of oil, as the fluid power in ADS, 
we are coming to realize that ADS technology 
is not a variant of oil hydraulic technology, 

Fig. 5 Sectional view of the water hydraulic pump
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and we are encouraged to rediscover the 
“property of water,” which is the source of 
technology development.  Only now can 
discussions regarding component structures 
and materials become meaningful. Starting 
from such a perspective, we can now begin to 
explain two approaches in ADS component 
development for incorporating technologies 
for “sliding and sealing” functions into the 
mechanism of ADS components. 
1)  Material selection and sliding mechanism for 

the sliding faces provide mostly mixed 

lubrication. This approach is used when a high 

load works between the two sliding surfaces, in 

a water hydraulic pump-motor structure, for 

example. 

2)  The two sliding surfaces are free of 
contact and the leakage from the 
clearance is used for other purposes, 
namely, the smooth movement required 
for the sliding type of water hydraulic 
control valves and for low working loads. 

 
1) Case for a water hydraulic pump and 

motor 
Figure 5 shows a sectional view of a water 
hydraulic pump (7). A piston and a shoe, a 
cylinder block and a valve plate, the cylinder 
block and the inner surface of the casing, and 
the sliding bearing that supports the cylinder 
adopt sliding structures and materials, so 
that they can tolerate severe sliding action. 
However, the water film produced in the two 
sliding surfaces cannot be expected to act as a 
hydrostatic bearing to support the entire load. 
Under many operational conditions, the film 
is in a state of mixed lubrication; therefore, 
the load is partially supported by the 
materials. As seen in Figure 5, the basic 
inner structure of the modeled water 

hydraulic pump and motor is what we called 
a “hydrostatic bearing mechanism” intended 
to focus the sliding performance. The two 
sliding surfaces adopted are a combination of 
stainless steel and resin (PEEK: 
polyetheretherketone) or DLC. 
The performance of the developed and then 
commercialized water hydraulic pump is 
exemplified in Fig. 6. The horizontal axis is 
the difference of the pump suction and 
discharge pressures and the pump speed is 
used as the parameter. 
 

 
As the rotation speed increases (from 1000 to 
1800rpm), the pump efficiency slightly 
improves. When the pressure differences in 
the clearance are the same, the leak flow 
rates should be constant; therefore, the 
increase of the theoretical flow rate along 
with the increase of the pump rotation speed 
indicates improvement in the pump efficiency. 
The standard specification of the pump is 15 
cc/rev., 14 MPa, and 1800 rpm. 
Figure 7 shows the torque loss. The 
horizontal axis indicates the bearing 

Fig. 6 Total efficiency of the water hydraulic pumpFig. 6 Total efficiency of the water hydraulic pump 
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parameters, n/ P:  is the viscosity 
coefficient of the fluid n is the pump 
rotation speed and p is the difference of 
the pump suction and discharge pressure. 
The pump was tested by giving the pump 
rotation speed and pressures in a range 
specified for practical use, and the torque loss 
was obtained as a curve of the negative 
gradient, as shown in Fig. 7.  
 

 
 
This is due to the behavior observed in the 
mixed lubrication region. For the bearing 
parameter, the torque loss falls mostly in one 
curve which shows a negative gradient 
toward a constant value. For the oil hydraulic 
pumps and motors, the negative gradient is a 
phenomenon observed in the region where 
the rotation speed is relatively low. For ADS, 
where the viscosity of the working fluid is 
extremely low and the water film is thin, the 
film behavior occurring on the sliding 
surfaces in the components is presumably 
governed by the mixed lubrication in the 
standard pump operation range (the 

maximum shaft rpm is from 1500 to 1800.) 
For some motor cases, the standard operation 
ranges are reported to be approximately 4000 
rpm at maximum; therefore, the 
characteristic curve of torque loss  in Fig. 7 
is expected to show a phenomenon in which 
the curve leans toward the negative, reaches 
to the minimum value, and then goes to a 
region of fluid lubrication where the torque 
loss is in proportion to the motor rotation and 
finally ascends in a region where the torque 
loss increases due to water viscosity. On the 
other hand, the viscosity coefficient of the 
fluid in the bearing parameter is different 
from that of oil hydraulics. Since the 
coefficient is assumed to be almost constant 
within the practical operational temperature 
range (5 to 50 Centigrade), the torque loss is 
in proportion to the motor rotation, and 
inversely proportional to the difference of the 
pressures. 
Since the torque loss curve in this study 
range shows a negative gradient, the torque 
loss is reduced when the motor rotation is 
increased and the loss is increased when the 
pressure difference in the pump increases. 
This phenomenon is assumed to happen due 
to water film formation as the motor speed 
increases. As the film starts to lubricate and 
the increase of the pressure difference is 
likely to encourage mechanical contact, 
eventually the torque loss increases. 
Figure 8 shows the result of chronological 
wear and surface roughness observation of a 
piston sliding in the cylinder block. 
The result shows the initial condition and the 
condition after 7000 hours of test operation. 
Both ends of the piston are worn by the 
severe sliding movement at the cylinder block 
ends. 

Fig.7 Relationship of the loss torque and the bearing 
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The wear was approximately 4 m in the 
radial clearance. The average surface 
roughness was 0.65 m at the initial 
condition and was 0.40 m after 7000 hours 
of test operation. This suggests the surface 
was smoothed by the sliding. Observation of 
the efficiency change suggests that the piston 
surface at the initial condition was smoothed 
by time and smoothness was gradually 
improved and the surface condition stabilized 
around 1000 hours of test operation. 
 Decrease of the volumetric efficiency due to 
increase of the clearance is expected. 
However, the running-in contributes to 
improved smoothness of the piston surface, 
and the mechanical efficiency tends to 
increase. The overall efficiency is not affected 

 
by wear and surface roughness. The 
conditions for continuous operation are 14 
MPa and 1800 rpm. Photo 1 depicts the 
appearance of the water hydraulic pump. 
 
2) Case for a water hydraulic control valve 
General valves which have controlling 

functions for pressures, flow rates and 
directions and electromagnetic proportional 
control valves and servo valves which 
accurately control fluid power are available. 
Poppet type valves and spool type valves 
,valve bodies of which slide are available as 
general valves in the recent market. The 

former valve is prone corrosion from valve 
seat damage and offset of the valve body and 
seat that are likely to generate biased flow. In 
the spool type valve, elastic seals are often 
employed for the valve’s sliding areas, which 
influence the valve and degrade valve 
performance by hysteresis. 
 

 
This phenomenon for general valves may be 
acceptable to some extent, although it is not 
intrinsically favorable. Again, “sliding and 
sealing” are the challenges, despite the fact 
that they hardly likely to cause serious 
problems. In a system which demands a 
precision control function for “drives and 
control,” the mentioned valve structure 
cannot fulfill the requirements. We 
reinterpret the challenges of “sliding and 
sealing” as “leakage caused by sliding and 
effective use of the leakage”, provided that 
some commercialized valve examples with 
innovative mechanisms can be introduced. 
 
(1)  Electromagnetic proportional control 

valve (8) 
Figure 9 shows the internal structure of the 
valve. 

 
Fig. 9 Structure model and names of respective components

Photo 1 Appearance of the water hydraulic pump

Fig. 8 Chronological changes of the piston conditions
Fig. 8 Chronological changes of the piston conditions 

Photo 1 Appearance of the water hydraulic pump 

Fig. 9 Structure model and names of respective
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The spool ends are supported by hydrostatic 
bearings. The viscosity coefficient of water is 
low; therefore, film formation in a clearance 
that occurs in an oil hydraulic valve cannot 
be expected in this water hydraulic valve. 
Thus, the hydrostatic bearings are used to 
support the spool to prevent the spool from 
contacting the surrounding wall. Since the 
bearings are working, the fluid in the 
clearance is used to channel the fluid, for 
example, so that the water does not stagnate. 
Water accumulation in the components is not 
favorable. 
Photo 2 shows the appearance of the valve. 
The valve’s rated pressure is 14 MPa and the 
rated flow rate is 20 L/min. 
 

 
 
Figure 10 explains the flow characteristics 
without load. A slight flow rate difference 
between the two-way channels is observed 
near the point of origin; the controlled flow 
rate increases almost linearly to the electric 
input signals. Among factors that can 
seriously affect the characteristics, flow force 
is the factor affecting the spool. The spool 
may seize to the wall due to lateral stress to 
the spool produced by the interaction of the 
spring and the flow force, however, the 
mechanism of hydrostatic bearings is 

working effectively. 

 
 
Figure 11 shows the relationship of forces 
working on the spool displacement and the 
spool valve. A flow force of up to about 20 N is 
generated. The flow force balances the spool 
displacement, working together with the 
solenoid and spring forces, and the force is 
preferably weak. 
 

 
(2) Water hydraulic servo valve (9,10) 
Figure 12 shows the sectional model view of a 
water hydraulic servo valve. Again, the spool 
ends are supported by the set hydrostatic 
bearings and suppress the hysteresis 
phenomenon occurring when the spool is in 
motion. Since the lateral load is low, the 
effect of the bearings is utilized to float the 

Fig. 10 Flow characteristics without load

Fig. 11 Flow force that affects the spool displacement

Photo 2 Appearance of the electromagnetic proportional 
solenoid valve 

Photo 2 Appearance of the electromagnetic 
proportional solenoid valve 

Fig. 10 Flow characteristics without load  

Fig. 11 Flow force that affects the spool displacement 
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spool. A part of the flow utilized for the 
hydrostatic bearing effect is channeled to the 
nozzle-flapper area and is then used to 
control the spool’s back pressure. 
 

 
Fundamentally, the spool is free of contact 
from the surrounding wall; its durability is 
reliable. Some oil hydraulic control valves 
may be made of corrosion resistant materials 
for water hydraulic use; however, the valve 
durability is poor. 
 

 
 
Photo 3 shows the appearance of a servo 
valve. Figure 13 shows the pressure-flow 
characteristics when a load is given to the 
A-B port. When the load acts on the port, the 
controlled flow rate is reduced. Figure 14 
shows the frequency characterristic. The 
result of the input frequency in the range of 
25 to 100 % of the rated specifications is 
plotted. 
The author has discussed the “mechanism of 

the two sliding surfaces” in the frame of ADS 
component development from the standpoint 
of “the sliding and effective use of fluid 
leakage.” 

 
The loss torque and fluid leakage from 
sliding in the fluid power components should 
be minimized. However, in the new 
framework of the so-called “world of water 
utilization”, the application of ADS for 
controlling fluid power drives can expand the 
world which adds further value. 

 
4. New applications for ADS (11) 
As the market begins to be identified, 
market-oriented water hydraulic pumps, 
electromagnetic proportional valves, and 
water hydraulic servo valves are beginning to 
be developed. The author intends to 
introduce some specific application examples 

Fig. 15 Frequency characteristics Fig. 12 Sectional model view of the water hydraulic servo valve

Photo 3 Appearance of the water hydraulic servo valve

Fig. 14 Flow characteristics with load 

Fig. 12 Sectional model view of the water hydraulic servo valve Fig. 13 Frequency characteristics 

Photo 3 Appearance of the water hydraulic servo

Fig. 14 Flow characteristics with load 
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employing these components. 
1) Applications using the electromagnetic 

proportional valves 
Photo 4 depicts a meat processing machine. It 
is a slicer intended to process hams and pork 
butt into thin slices. The slicer is composed of 
a water hydraulic motor (to drive the cutters) 
that rotates the cutters which thinly slices 
meat, a water hydraulic cylinder (to drive a 
slider) that moves the rotating cutters back 
and forth, and another water hydraulic 
cylinder (to drives the meat grip), and a 
water hydraulic unit that drives an 

  
actuator and is stored underneath of the 
slicer. The drive pressure is 5 MPa. The slider 
reciprocally moves and cuts 80 slices per 
minute. Adopting ADS to all drives makes 
the machine compact and enables the user to 
wash the entire meat processing machine 
without disassembling/assembling the 
machine, allowing for increased security and 
improved food safety. Cleaning required 
removing fat scattered in the machine during 
meat processing or lubrication will be greatly 
improved. Meanwhile, the time required for 
this repair work is shortened and thus 
reduces maintenance costs. Photo 4 shows 
the appearance of the slicer and Fig. 15 

shows the supply pressure, the pressure on 
the cylinder rod for the slider, and the 
pressure on the cylinder head. 

 
2) Applications using the water hydraulic 

servo valve 
Photo 5 shows the application to general 
industrial machinery. This machinery 
generates pressure waves of certain patterns 
cyclically to meet the demand of the work. 
This application is suitable for production 
processes for rubber and resin products 
where cleanliness, hygiene and safety are 
demanded. This type of work process has 
increased in recent years, along with 
diversification of products. 
 

Adopting machinery that uses a medium of 
fluid power makes this kind of work process 
easier as the work profile becomes more 

Photo 5 Device for generating 
predetermined pressure waves 

Fig. 15 Change of the slider displacement and the
driving pressures 

Slider 

Fig. 15 Change of the slider displacement and 
the driving pressures 

Photo 5 Device for generating predetermined 
pressure waves 

Photo 4 Appearance of the meat slicer  
(Watanabe Foodmach Co., Ltd). 

Slider 
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complex. Adopting oil hydraulics requires 
extra work for cleaning the produced parts. 
Pneumatics will provide insufficient power 
and the machine will tends to be large. This 
application example uses the ADS control 
valve (electromagnetic proportional valves 
and water hydraulic servo valves); therefore, 
accurate cyclic performance is achieved, and 
a booster mechanism facilitates generating a 
pressure to meet the requested and 
additional pressure. In this application, a 
water hydraulic power source of 14 MPa 
generates a cyclic pressure of 20 MPa by the 
booster. Thanks to the low viscosity of water, 
if the distance to the work is long due to the 
production line, the line pressure loss is 
minimized which contributes to 
energy-savings. The capability of handling 
parallel and multiple work processes, 
including machining, cleaning and 
simultaneous pressure tests in production 
lines, is a great advantage of ADS. 

Conventionally, this type of work process 
uses various drives, such as an oil hydraulic 
drive for molding, a pneumatic drive for 

blowing, electric drives for processes before 
and after the blow, and a water hydraulic 
drive for washing, thus making the work very 
complicated. Figure 16 shows the measured 
result of generated pressures at the source, 
and 2 m and 5m distant from the source, 
respectively. The pressure waves at the 
source and the redundant waves are clear. 
 
5. Postscript 
As means of driving machinery, electric, oil 
hydraulic and pneumatic drives have long 
been applied. The electric drive dominates 
the field of signals transmission and power, 
and its application range is truly broad. “Oil 
hydraulics and pneumatics”, in terms of fluid 
power drive, are mainly in the field of drives 
and control of machinery and equipment. 
ADS is one means of fluid power drive and 
control. Using “mostly pure water” for its 
working fluid, ADS does not simply remain in 
the field of “drive and control,” and further 
applications in other fields can be explored by 
merging it into technologies in the “world of 
water utilization, vapor and heat.” As an 
advanced form of ADS, applications focusing 
on “cogeneration” seem promising (12). This 
paper introduces technology of ADS by 
describing characteristics of the market, 
technological challenges, and applications 
from the standpoint of “fluid power drive and 
control.” 
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ABSTRACT 

In this paper, for those patients who feels difficulties in walking caused by osteoarthritis of lower limb, a novel parallel 
pneumatic weight bearing assist robot is proposed. A relative simple prototype of such robot for one ill leg and a 
biomechanical force platform are developed. Experiments of weight bearing of 50% body weight are done. The 
experimental results prove that the concept of design is rational and the robot is effective in increasing the stability of 
the gait balance during walking. 

KEY WORDS

Key words: Parallel Structure, Pneumatic, Partial Weight Bearing, Walking Assist, Robot 

1. INTRODUCTION

Since our country is rapidly aging, there is an urgent 
need for the development of new walking assist devices 
for helping the elders. Osteoarthritis of lower limb is a 
common disease for the elders. It causes pain in leg 
joints (hip or knee) and often makes elders unable to 
walk outside for long. Although the elders can use 
wheelchair to go outside, it will make their legs totally 
rest for a long time and can led to disuse syndrome. 
Research has shown that water walking exercise can give 
leg valuable exercise while protect the joint from further 
overuse injury because the buoyancy partially support 
the body weight, but this method is too expensive and 
inconvenience since a swimming pool is always 

requested. In order to develop a land-based comfort 
walking assist device with rehabilitation function, partial 
weight bearing walking assist robot is believed an 
effective way. 

In recent years, many new researches on powered 
walking assist robot have been done [1~4]. Among them, 
there are two kinds of robot that have partial weight 
bearing walking assist function even outdoor. One is a 
Walking Assist Device with Bodyweiht Support System 
which is developed by HONDA [5]. The HONDA’s 
device is reported to be driven by electrical motors, and 
have the shortcoming of exerting too small assist force to 
support bodyweight very well. The other is a Pneumatic 
Power Assist Lower Limb which is developed by WU at 
Tokyo Institute of Technology [6]. Although the WU’s 
device is light in weight and can exert assist force 
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enough for supporting about 40% of the bodyweight, it 
can not improve gait balance during walking thus is not 
safe to the elders. 

In order to overcome the shortcoming in walking 
assist robot mentioned above, a novel Parallel Pneumatic 
Weight Bearing Walking Assist Robot, called PWAR, is 
proposed. In this paper, the concept, structure, function 
and experiments involving the developed robot are 
described in detail. 

2. BASIC CONCEPT 

The concept of PWAR is illustrated in Fig.1. It 
comprises of a saddle supplied with a hip fastening 
device (a frame and two suspender band connected to the 
waist belt), 6 telescope rod sets (each comprises of an air 
cylinder, an outer slide rail, a lock mechanism, and an 
inner slide rail), and 2 foot plates(with force sensors 
inside) which band togther with 2 shoes. 

Figure 1 concept of the PWAR    

Figure 2 PWAR at walking assist 

When PWAR provides walking assist (as illustrated 
in Fig.2), 3 telescope rod sets at the support leg side 

provide support force due to the extension of 3 cylinders 
rod and 3 lock mechanisms are in lock state. On the other 
hand, 3 telescope rod sets at the swing leg side lose their 
3 lock mechanisms thus make no restriction on the swing 
leg movement.  

The concept of PWAR’s control algorithm is 
illustrated in Fig.3. When the foot touches the foot plate 
thus step on the ground, four force sensors inside the 
foot plate measure the leg force and the position data of 
the center of the pressure (COP) of the foot. Then the 
mearsured data is sent to a controller. The controller 
calculates the control signal and sends it to electro 
pneumatic transducing regulator thus controls the 
pressure send to the cylinder. By this way, the assist 
force from the prototype is controlled. However, in this 
paper, since a portable embedded controller has not been 
finished yet, a computer is used as the controller instead. 

Lf

bf

af

refP

P

Figure 3  Concept of control algorithm(only single cylinder) 

3. PROTOTYPE FOR TEST 

Before PWAR is built, a relative simple prototype is 
developed and tested. The prototype design is illustrated 
in Fig.4. The purpose of the prototype is to verify the 
concept of PWAR, and search optimum control 
algorithm to maintain gait balance.  

Figure 4  Simple prototype design for test 
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The prototype comprises a saddle supplied with a hip 
fastening device (two suspenders over the shoulders in 
this study), three air cylinder, three telescopic pipe, and a 
foot plate with four force sencors beneath it.

The relationship between leg force and assist force 
from the prototype can be expressed by positive force 
feedback relationship which is illustrated in Fig.5. 

When the affected leg is in stance phase, the affected 
leg load bf  is measured by the force sensors beneath 
the foot plate. When the measured data is larger than 
load threshold c ( c =20kgf in this study), air cylinder 
starts to extend to provide assist force. When the 
reference assist force areff  to load increment ( cfb )
ratio is define as assist ratio, the following equation can 
be given. 

cf0
cfcfK

f
b

bb
aref

         (1)              

bf

refaf

cfb

af
Lf

bf

Figure 5 Concept of prototype’s control algorithm 

In order to improve the gait balance during walking, 
a negative position feedback is also used. The layout of 
foot plate and four sensors is illustrated in Fig.6. 

Figure 6  Layout of foot plate and four sensors 

From the data of force sensors, the foot force and it’s 
position coordinate ( ax , ay ) can be calculated. Then the 
negative position feedback control algorithm can be 
obtained by changing equation (1) into equation (2). 

cf0
cfyKxKcfK

f
b

bayaxb
aref

(2)

Where xK and yK are gains of negative position 
feedback control in x direction and in y direction. 

Thus the reference pressure of air cylinder can be 
calculated by equation (3). 

A
f

p aref
ref

                   (3)                        

Moreover, total affected leg side load Lf can be 
calculated by equation (4). 

abL fff                  (4)                        
In addition, assuming that walking speed is slow, and 

the influence from inertia force of bodyweight can be 
neglected, the relationship between healthy leg side load 

bf  and Lf  can be given in equation (5). 

bL fmgf                 (5)                       
Such load threshold setting is because when the 

maximum affected leg load is reduced to a tolerable level, 
joint pain will be released. As shown in Fig.5 , affected 
leg load is reduced from A-A’ to B-B’ level. Only by 
adjusting two parameters of c  and k , even to random 
human motion, a continuance walking assist control can 
be achieved. That is another merit for such settings. 

4. DESCRIPTION OF THE STRUCTURE 

Photo and construction of the developed prototype is 
illustrated in Fig.7. It comprises a saddle, three air 
cylinders, three support pipes, six spherical hinge and 
furniture, a foot plate with four force sensors beneath it. 

Figure 7  Photo of developed prototype 

The photo of foot plate is illustrated in Fig.8. The 
force sensor is TJH-10 from Bengbu Tianguang Sensor 
co. LTD. 
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Figure 8  Photo of developed foot plate 

Three electro pneumatic transducing regulator (SMC 
ITV2051-212s) is chosen for controlling the air cylinder 
for its small in size and electricity saving. 

5. EXPERIMENT 

The experimental setup for confirming the function 
of the developed prototype is illustrated in Fig.9. In 
order to examining the relationship between the foot load 
and the assist force, a biomechanical force plate is build. 
An 70kg weight person wears the prototype and marks 
time on the biomechanical force plate. 

Figure 9  Experimental setup 

In the experiments, a data acquisition card is used 
and Matlab with Realtime Windows Target toolbox is 
also used for real-time data acquisition and real-time 
control. The experiment of weight bearing of 50% 
bodyweight is done by a person. The control program is 
shown in Fig.10. 

Fig 10  Control program using simulink in matlab 

The experimental results are illustrated in Fig.11. 
The experimental results confirm the effectiveness of the 
prototype. With the help of the prototype, measured data 
from the foot plate is reduced from 70kgf to 35kgf, 
which shows 50% of the bodyweight smaller. 

Fig 11  Experimental results of 50% bodyweight bearing 

In addition to the above experiments, the experiment 
to improve the gait balance is also done. The 
experimental result proved the effectiveness of the 
negative position feedback control on prototype will 
increase the stability of the gait balance during walking. 

6. CONCLUSIONS 

In this study, a novel Parallel Pneumatic Weight 
Bearing Walking Assist Robot, called PWAR, is 
proposed. A prototype of the robot is built to confirm the 
function of the robot. The control algorithm of positive 
force feedback control together with negative position 
feedback control is also proposed. Experiment of 50% 
bodyweight weight bearing is done, and the experimental 
data is analyzed. The prototype robot is confirmed 
effective for those people whose muscle and balance 
remain in good condition but who have joint pain (hip or 
knee joint) in their leg and are unable to walk outdoors 
for long. The prototype is also confirmed effective in 
increasing the stability of the gait balance during 
walking. 
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ABSTRACT 

This paper describe the mechanical and control system design of a 10 DOF (Degrees Of Freedom) lower limbs exoskeleton 
for gait rehabilitation of patients with gait dysfunction. The system has 4 double-acting rod pneumatic actuators (two for 
each leg), that controls the hip and knee joints. Motion of each cylinder’s piston is controlled by two pressure proportional 
valves, connected to both cylinder chambers. The pneumatic actuators are controlled by proportional-pressure valves. The 
control strategy has been specifically designed in order to ensure a proper position control guiding patient’s legs along a 
fixed reference gait pattern. For this purposes Fuzzy controller with additional force compensator was developed. A 
numerical solution of the inverse kinematics problem based on video image analysis has been used. The controller was 
successively implemented and tested on embedded real-time PC104 system. Laboratory experiments without patient are 
carried out and the results are reported and discussed. 

KEY WORDS 

Exoskeleton, fuzzy logic, rehabilitation robotic, treadmill training

INTRODUCTION 

Intensive training and exercise may enhance motor recovery 
or even restore motor function in people suffering from 
neurological injuries, such as spinal cord injury (SCI) and 
stroke. Repetitive practice strengthens neural connections 
involved in a motor task through reinforcement learning, 
and therefore enables the patients a faster and better re-
learning of the locomotion (walking). Practice is most 
effective when it is task-specific [1],[2]. 
Thus, rehabilitation after neurological injury should 
emphasize repetitive, task-specific practice that promotes 
active neuromuscular recruitment in order to maximize 
motor recovery. Body-weight–supported treadmill training 
(BWSTT) is an emerging rehabilitation technique for gait 

rehabilitation of patients with locomotor dysfunctions in the 
lower extremities. Clinical studies have confirmed that 
individuals who receive bodyweight supported treadmill 
training following stroke [3], [4] and spinal cord injury [5]-
[7] demonstrate improved electromyographic (EMG) 
activity during locomotion [8], walk more symmetrically 
[9], are able to bear more weight on their legs. BWSTT 
involves practice of stepping on a motorized treadmill while 
unloading a percentage of a person's body weight using a 
special suspension system. Manual assistance, from 2 or 3 
physiotherapists, is provided as necessary to promote 
upright posture and lower-extremity trajectories associated 
with normal human gait. For therapists this training is labor-
intensive; therefore, training sessions tend to be short 
because of the physical demands on the therapists, which 
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may limit the full potential of the treatment. Also, manually 
assisted treadmill training lacks repeatability and objective 
measures of patient performance and progress. 

A promising solution for assisting patients during 
rehabilitation process is to design exoskeleton devices. It 
has already been shown that robot-assistive devices can be 
very helpful in training individuals to regain their walking 
ability following incomplete spinal cord injury [10]. 

In the general setting of these robotic systems, a therapist 
is still responsible for the nonphysical interaction and 
observation of the patient by maintaining a supervisory role 
of the training, while the robot carries out the actual 
physical interaction with the patient.  
Several groups are working on development of exoskeletal 
devices for “gait training”. Lokomat is a motorized
exoskeleton that can drive hip and knee flexion through the 
four rotary joints driven by dc motors via precision ball 
screws [11]. Mechanized Gait Trainer (MGT) is a one
degree-of-freedom powered machine that moves a patient’s 
legs in a gait-like pattern by driving two foot plates 
connected to a double crank and rocker system that is 
actuated by a motor via a planetary gear system [12]. 
AutoAmbulator is a rehabilitation machine for the leg to 
assist individuals with stroke and spinal cord injuries. PAM 
is a device that can assist the pelvic motion during stepping 
using BWST, and it’s used in combination with POGO- the 
pneumatically operated gait orthosis [13]. Most of these 
devices are using electric motors as actuators. 

The rehabilitation robot system presented in this work is 
developed in the Laboratory of Applied Mechanics at
DIMEG of University of L’Aquila and is pneumatically 
actuated. The pneumatic actuators have been adopted in this 
work as an alternative solution to the widely used electric 
motors, due to their large power output at a relatively low 
cost. They are also clean, easy to work with, and 
lightweight. Moreover, the choice of adopting the pneumatic 
actuators to actuate the joints is biologically inspired. They 
provide linear movements, and are actuated in both 
directions, so the articulation structures do not require the 
typical antagonistic scheme proper of the biological joints. 

However, pneumatic systems exhibit highly non-linear 
behaviors which are associated with the compressibility of 
air, the complexity of friction presence and the nonlinearity 
of valves [14]-[15]. Because of all these characteristics, it is 
very difficult to successfully apply the classical control 
theory on pneumatic systems. It is relatively easier to use a 
fuzzy logic control, even though there are difficulties in 
designing a fuzzy controller and determining its parameters 
by trial and test. 

Applying fuzzy control to a continuous pneumatic 
positioning system is particularly advantageous in terms of 

simplicity of design and implementation, and thus 
significantly reduces the time required to develop the entire 
system [16]. Also fuzzy control has been demonstrated to 
provide highly satisfactory results in terms of accuracy, 
repeatability and insensitivity to changes in operating 
conditions [16].  

This paper describes mechanical and control system 
design of the lower limbs exoskeleton for gait rehabilitation. 
Design choices for realization of the prototype are
presented, the control architecture is described and 
experimental results, obtained without patient, are reported.  

The evaluation of the system design and the proposed 
control architecture is foreseen in three experimental phases: 
experiments without patient, experiments with voluntary 
healthy patients and finally tests on disable persons. 

EXOSKELETON STRUCTURE 

Designing an exoskeleton device for functional training 
of lower limbs is a very challenging task. From an 
engineering perspective, the designs must be flexible to 
allow both upper and lower body motions, once a subject is 
in the exoskeleton, since walking involves synergy between 
upper and lower body motions. It must be also a light 
weight, easy wearable and must guarantee comfort and 
safety. From a neuro-motor perspective, an exoskeleton 
must be adjustable to anatomical parameters of a subject. 

Fig.1. DOFs of the exoskeleton

Considering these characteristics an exoskeleton structure 
with 10 rotational DOF was studied and realized. An
optimal set of DOF was chosen after studying the literature 
on gait, and in order to allow for subject to walk normally 
and safely in the device.  

The degrees of freedom, all rotational, are: the number 1 
with axis perpendicular to the front, the numbers 2, 3 and 4 
with axes perpendicular to the sagittal plane, the number 5 
with axis perpendicular to the ground; of these only DOF 2 
and 3 are motorized (Fig.1).The robot moves in parallel to 
the skeleton of the patient, so that no additional DOF or 
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motion ranges are needed to follow the patient motion. The 
mechanical structure of the shapes and the dimensions of the 
parts composing the exoskeleton are human inspired and 
have an ergonomic design.  

The inferior limbs of the exoskeleton are made up of 
three links corresponding to the thighbone, the shinbone and 
the foot. The thighbone link is 463 mm long and has a mass 
of 0.5 kg and the shinbone link is 449 mm long and has a 
mass of 0.44 kg. 

The prototype structure is adjustable to the patients which 
are tall from 175 cm up to 190 cm without any functional 
problems (Fig. 2a, 2b). For better wearability of the 
exoskeleton an adjustable connection between the corset of 
polyethylene (worn by the patient) and the horizontal rod 
placed at the pelvis level is provided. Moving the 
exoskeleton structure up for only 25 mm, the distance 
between the centre of the knee joint and the vertical axes of 
the hip articulation, is reduced to 148 mm (Fig.2c), while 
the corset remains in the same position. 

Fig.2. Adjustability of the realized prototype 

In order to realize a prototype with anthropomorphic 
structure that will follow the natural shape of the human’s 
lower limbs, the orientation and position of the human leg 
segments were analyzed. In the case of maximum 
inclination, the angle formed by the vertical axis and a leg 
rod is 2.6°, observed in frontal plane (Fig.3). The inclination 
of 1.1° was choosen for the stand position, while other 1.5° 
are given by a lateral displacement of 30 mm, when the 
banking movement occurs.  
In this way the ankle joint is a little bit moved towards the 
interior side with respect to the hip joint, following the 
natural profile of the inferior limbs in which the femur is 
slightly oblique and form an angle of 9° with the vertical 
while for the total leg this angle is reduced to 3°. The other 
actuator which moves the knee joint is connected bellow the 
shinbone and has a rod stroke of 160 mm. 
Both actuators are with bore diameter of 32 mm, capable to 
provide force of about 700 N under a supply pressure of 0.9 
MPa coming by the external compressor (Fig.4).The motion 
of each cylinder’s piston (i.e. supply and discharge of both 

cylinder chambers) is controlled by two pressure 
proportional valves (SMC-ITV 1051-312CS3-Q), connected 
to both cylinder chambers. 

Fig.3. Positioning of the exoskeleton shinbone and thighbone link, realized 
following the human leg position 

  

Fig.4. Mechanical structure of the exoskeleton with pneumatic actuators 

The selection of the valve was due to the primary 
calculations for air flow through the valve. Each valve 
controls only one chamber of the actuator, therefore the 
calculations of the air flow is made only in one phase of the 
actuators cycle. Simulations done in Working Model 2D 
software showed that the outgoing speed of a piston (v) is 
50 mm/s, which occurs during the pre-swing phase of the 
walking cycle when a force of about 700 N is required. As 
said before this force will be provided by a cylinder 
chamber’s pressure of 0.9 MPa (relative). 
The selected valve model satisfies these requirements.  
The exoskeleton structure also has to guarantee the safety of 
the patient. As the joins motions of the robot directly 
correspond with that of a patient, it was relatively easy to 
implement the mechanical safety limits (physical stops), 
which are placed on extreme ends of the allowed range of 
motion of each DOF. For hip and knee joints in the sagittal 
plane, the stops can withstand the maximum torque that the 
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actuators can apply. The structure of the exoskeleton is 
realized in aluminum which ensures a light weight and a 
good resistance. 

In order to calculate the mechanical resistance, all 
exoskeleton components are imported in Visual Nastran, 
where Finite Element Analysis (FEA) was done.  

The stresses measured (Von Mises stresses) are well
below the yield strength of aluminum 6082 T6 (σy = 200 
MPa) chosen as the material for realization of the 
exoskeleton. 

Hip and knee angles, of our rehabilitation system, are 
acquired with the rotational potentiometers. 

The overall exoskeleton structure is positioned on a 
treadmill and supported, at the pelvis level, with a space 
guide mechanism that allows vertical and horizontal
movements. Space guide mechanism is connected with the 
chassis equipped with a weight balance system (Fig.5). 

Fig. 5. Realized prototype of the overall rehabilitation system 

KINEMATIC AND STATIC ANALYSIS 

In the present section, the joints excursions have been 
analyzed for each articulation, making particular attention to 
the related actuators extensions and the forces they have to 
provide in order to move the articulations. 

A. Knee articulation
In order to characterize the joint kinetic behavior, it is 

useful to analyze the actuator force necessary to counteract 
the gravitational load acting on the shinbone center of mass, 
varying the knee joint angular position. The knee 
articulation realized has only one DOF and thus it is 
actuated by only one pneumatic actuator as it can be seen on 
Fig.4. The knee articulation scheme is shown on the Fig.6a. 

The p segment represents the pneumatic actuator, whereas 
the knee angle position is indicated by the θ angle. 
The direct kinematic problem is easy to solve. In a few 
words, the process calculates the actuator length once 
known the rotation angle θ. 

Fig. 6. a) Knee articulation scheme and b) free body diagram of the 
shinbone 

The equations (1) show this process, considering the 
geometrical structure and the connections between different 
components. 
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After the calculation of the actuators length p, the angle β
can be easily deduced as in (3): 
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(sin 1 δ
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e−=        (2) 

FSact represents the force supplied by the shinbone 
pneumatic actuator, whereas the arrow indicated by MSg 
shows the opponent force caused by the gravity. MS is the 
approximate sum of the mass of the shinbone and the foot 
applied in the center of mass of the shinbone. Moreover, the 
segment d represents the arm of the cylinder force.

From a simple torque balance with respect to the point K, 
Fig. 6b, the relation between FSact and the knee angular 
position θ is derived as in (3). 
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From (1), (2) and (3) it can be seen that the force supplied 
by the shinbone pneumatic actuator can be expressed as a 
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function of the θ angle, obtained by the knee rotational 
potentiometer. 

B. Hip articulation
As the knee articulation also the hip articulation of our 

prototype has only one DOF and thus is actuated by only 
one pneumatic actuator as it can be seen on Fig.4. The hip 
articulation scheme is shown on the Fig.7a. 

Analyzing the hip articulation torque, one can observe 
that the rod of the thighbone pneumatic actuator is
connected to the segment c placed upon the thighbone. In 
particular, the segment b in this case, represents the arm on 
which the hip joint force acts. 

Fig. 7. a) Hip articulation scheme and b) free body diagram of the 
thighbone 

The kinematic problem for this actuator, i.e. the process 
that calculates the actuator length knowing the rotation 
angle θ, is described with (4).  
For a certain actuator length p, the angle β can be easily 
deduced as in (5). FTact indicates the force supplied by the 
thighbone pneumatic actuator, whereas the arrow indicated 
by MTg shows the opponent force caused by the gravity. MT

is the approximate sum of the weights of the thighbone, 
shinbone and the foot applied in the center of mass of the 
thighbone. 
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From a simple torque balance Fig. 7b, the FTact value 
depending of the hip angular position is derived. Equation 
(6) shows the relation found for the hip articulation. 
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From (4), (5) and (6) it can be seen that the force supplied 
by the thighbone pneumatic actuator also can be expressed 
as a function of the θ angle obtained by the hip rotational 
potentiometer.  

So, analytic relations between the forces provided by the 
pneumatic actuators and the torques needed to move the hip 
and knee articulations have been found. In particular, in our 
case it is useful to analyze the forces necessary to counteract 
the gravitational load acting on the thighbone and shinbone 
center of mass, varying the joints angular position, because 
it offers the possibility of inserting a further compensation 
step in the control architecture in order to compensate the 
influence of the torques during the movement. 

INVERSE KINEMATIC PROBLEM 

To analyze the human walking, a camera based motion
captured system was used. Motion capturing of a healthy 
subject walking on the treadmill, was done with one video 
camera placed with optical axis perpendicular in respect of 
the sagittal plane of the gait motion. The subject had 
markers mounted on hip, knee and ankle. An object with 
known dimensions (grid) was placed inside the filming 
zone, and it was used like reference to transform the 
measurement from pixel to the distance measurement unit. 
The video was taken with the resolution of 25 frame/s. 

The recorded video was post-processed and kinematics 
parameters of limbs’ characteristic points (hip, knee and 
ankle) were extracted. 

After that, the obtained trajectory was used to resolve the 
problem of inverse kinematics of the lower limb 
rehabilitation system. The inverse kinematic problem was 
resolved in numerical way, with the help of Working Model 
2D software. By the means of this software the target 
trajectory, which should be performed by each of the 
actuators, was determined. 

FUZZY CONTROLLER 

Fuzzy logic is basically a rule-based operation, in "if 
<condition> then <operation>". Compared with the 
traditional rule-based method, the condition and operation 
are fuzzy descriptions in a fuzzy controller. Thus the 
measured information is interpreted to fuzzy descriptions 
through the membership function. The output control signal 
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is calculated from the operation by a defuzzification 
processing. Fuzzy control emulates human control strategy, 
and its principle is easy to understand. 

The state variables of the pneumatic fuzzy control system 
are: the actuator length error E, which is the input signal and 
two output control signals Urear and Ufront which are control 
voltages of the valves connected to the rear chamber and 
front chamber respectively. 

Actuator length error in the system is given by: 

)()()( kTLkTRkTE −=       (7) 

where, R(kT) is the target displacement, L(kT) is the actual 
measured displacement, and T is the sampling time. 

Based on this error the output voltage, that controls the 
pressure in both chambers of the cylinders, is adjusted. 

Seven linguistic values non-uniformly distributed along 
their universe of discourse have been defined for 
input/output variables (negative large-NL, negative medium-
NM, negative small-NS, zero-Z, positive small-PS, positive 
medium-PM, and positive large-PL). For this study 
trapezoidal and triangular-shaped fuzzy sets are chosen for 
input variable and singleton fuzzy sets for output variables. 

The membership functions were optimized starting from a 
first, perfectly symmetrical set. Optimization was performed 
experimentally by trial and test with different membership 
function sets. The membership functions that give optimum 
results are illustrated in Figs. 8, 9 and 10. 

The rules of the fuzzy algorithm are shown in Table I in a 
matrix format. The max-min algorithm is applied and center 
of gravity (CoG) method is used for deffuzzify and to obtain 
an accurate control signal. 

Since the working area of cylinders is overlapping, the 
same fuzzy controller is used for both of them. 

Fig. 8. Membership functions of input variable E 

Fig. 9. Membership functions of output variable Ufront 

Fig. 10. Membership functions of output variable Urear 

Rule n ° E ANT POS 
1 PL PL NL 
2 PM PM NM 
3 PS PS NS 
4 Z Z Z 
5 NS NS PS 
6 NM NM PM 
7 NL NL PL 

Table 1 Rule matrix of fuzzy controller 

CONTROL ARCHITECTURE 

The overall control architecture is presented on the 
Fig.11. In particular, it is based on fuzzy logic controllers 
which aim to regulate the lengths of thighbone and shinbone 
pneumatic actuators, described in Fuzzy controller Section.  

The force compensators are calculating the forces 
necessary to counteract the gravitational load acting on the 
thighbone and shinbone center of mass, varying the joints 
angular position. 

Target pneumatic actuators lengths obtained by off-line 
procedure described in the Inverse kinematic problem
Section were placed in the input data module. In this way 
there is no necessity of real-time calculation of the inverse 
kinematics and the complexity of the overall control 
algorithm is very low.  

The feedback information is represented by the hip and 
knee joint working angles and the cylinder lengths,
calculated according to (2) and (5). 

Fig. 11. Control architecture diagram 

The global control algorithm runs inside an embedded 
PC104, which represents the system supervisor. The PC104 
is based on Athena board from Diamond Systems, with real 
time Windows CE.Net operating system, which uses the 
RAM based file system. The Athena board combines the 
low-power Pentium-III class VIA Eden processor (running 
at 400 MHz) with on-board 128 MB RAM memory, 4 USB 
ports, 4 serial ports, and a 16-bit low-noise data acquisition 
circuit, into a new compact form factor measuring only 4.2" 
x 4.5". The data acquisition circuit provides high-accuracy; 
stable 16-bit A/D performance with 100 KHz sample rate, 
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wide input voltage capability up to +/- 10V, and 
programmable input ranges. It includes 4 12-bit D/A
channels, 24 programmable digital I/O lines, and two 
programmable counter/timers. A/D operation is enhanced by 
on-board FIFO with interrupt-based transfers, 
internal/external A/D triggering, and on-board A/D sample 
rate clock.  

The PC 104 is directly connected to each rotational
potentiometer and valves placed onboard the robot. 

In order to decrease the computational load and to 
increase the real-time performances of the control algorithm 
the whole fuzzy controller was substituted with a hash table 
with interpolated values and loaded in the operating memory 
of the PC104. 

EXPERIMENTAL RESULTS 

To evaluate the performance of the exoskeleton structure 
together with the proposed control architecture experimental 
tests without patients were performed. 

The experiments were conducted with a sampling 
frequency of 10 Hz, and a pressure of 0.6 MPa. 

The movement was natural and smooth while the limb 
moves along the target trajectory.  
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Fig. 12. Target and experimentally obtained thighbone actuator stroke 
during the gait cycle 
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Fig. 13. Target and experimentally obtained shinbone actuator stroke 
during the gait cycle 
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Fig. 14. Ankle joint trajectory (target, experimental without force 
compensator and experimental with force compensator) 

Fig.12 and Fig.13 show the target and experimentally 
obtained stroke for thighbone and shinbone actuators, 
respectively. 

As it can be observed from the graphs, the cylinders 
tracked the target trajectory well with the max. error of 5mm 
for the thighbone actuator, and 6mm for the shinbone 
actuator, which is accurate enough for the desired purpose. 
Results for the target and experimental ankle joint
trajectory, for one cycle, with and without implementation 
of the force compensator, are shown in Fig.14. 

From the graph we can observe that there is significant 
improvement of the gait trajectory when a force 
compensator is used.  

During the gait training one of the most important goals 
to achieve is path repeatability. In order to test the path 
repeatability, ISO 9283 standard was used. According to 
this standard path repeatability expresses the closeness of 
the agreement between the attained paths for the same 
command path followed n times in the same direction. Path 
repeatability is expressed by RTp-the maximum RTpi which 
is equal to the radius of a circle in the normal plane and with 
its centre on the barycentre line (Fig. 15).  

Fig. 15. Target and experimentally obtained thighbone actuator length 
during the gait cycle (RT represent repeatability; G represents the 
barycentre of a cluster of attained poses; Xci, Yci and Zci are the 
coordinates of the i-th point  of the command path;  Xij, Yij and Zij are the 
coordinates of the intersection j-th attained path and the i-th normal plane) 

The path repeatability is calculated as follow: 
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m is number of calculated points along the path, and n is 
number of measurement cycles. 

Ten tests, with ten cycles, without load (the only load was 
the weigh of the exoskeleton structure), for the same 
command path, were conducted. The values for path 
repeatability were calculated and the corresponding results 
for all tests are shown in Table 2. 

1 2 3 4 5 6 7 8 9 10 
13.9 11.9 7.4 13.6 9.1 10.4 13.4 10.1 12.5 11.1

Table 2 Repeatability results (second row [mm]) 

Analyzing the results form Table 2, we can say that the 
path repeatability of our robot rehabilitation system is 
satisfactory.  

CONCLUSION 

Powered exoskeleton device for gait rehabilitation has 
been designed and realized, together with proper control 
architecture. Its DOFs allow free leg motion, while the 
patient walks on a treadmill with its weight, completely or 
partially supported by the suspension system. 

The use of pneumatic actuators for actuation of this 
rehabilitation system is reasonable, because they offer high 
force output, good backdrivability, and good position and 
force control, at a relatively low cost. 

The control strategy was designed to ensure that the 
patient’s legs will be guided along a fixed reference gait 
pattern. The inverse kinematic problem was solved in a 
numerical way and fuzzy controller used to regulate the 
lengths of thighbone and shinbone pneumatic actuators was 
developed. Additional compensation module to eliminate 
the influence of the torques during the movement was 
added. 

The effectiveness of proposed control architecture was 
confirmed by experiments. The experimental results show 
that the developed control architecture can be considered an 
appropriate option for the control of the developed
prototype.  

In order to increase the performance of this rehabilitation 
system a force control loop should be implemented as a 
future development. The future work also foresees two more 
steps of evaluation of the system: experiments with
voluntary healthy persons and experiments with disable 
patients. 
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ABSTRACT

It is reported that the rate of elderly person in the total population of Japan is about 21.5% in 2007. Thus, the recent 
society of Japan is called as “Elderly Society”. In the society, many elderly people work or enjoy walking to keep health. 
However, some problems with respect to stumble over of elderly people are occurred. That is to say, in recent years, 
accidents of bone fracture with elderly people increase because of tendency to fall by a little step in a house. As one of 
this cause, it is considered that a center of gravity position with foot parts is changed. Therefore, in order to solve this 
problem, we propose a new type of high performance insole by making use of sponge-core-soft rubber actuator 
(SCSRA). In this study, we indicate the structure of the insole. Further, the basic characteristics of the insole are 
clarified through some experimental results.

KEY WORDS

High Performance Insole, Pneumatic, Care Prevention, Walking, Soft Rubber Actuator

NOMENCLATURE

F: Pushing Force [N]
P: Settling Pressure [kPa] 
R: Roll Angle of the Ground Plate [Deg]
T Torque[Nm]
�: Roll Angle[ ]
�: Pitch Angle[ ]

INTRODUCTION

In Japan, the number of elderly people increases. On 
the other side, the number of young people decreases. As 
the result, it is reported that elderly people have to care 
another elderly person. In order to solve this problem, 

many kinds of support machines have been developed.
However, with respect to an elderly person who is not 
physically handicapped, the bone fracture in tendency to 
fall sometimes becomes a big issue. For example, when 
the elderly people fall in a little step, some of them 
sometimes have trouble of bone fracture. Especially, the 
number of aged person who comes to keep bed increases 
by reason of the bone fracture of thighbone cervix in the 
tendency to fall.

With respect to this problem, it is reported that the 
main cause of tendency to fall is change of gravity 
position with each foot[1]. That is to say, when elderly 
people walk on the road, the center of gravity position 
moves to edge side of the sole as shown in Fig.1. This is 
because that the angle between the innominate bone and 
the thighbone is decreased by the muscle force 
depression of lower extremities. As the result, the elderly 
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people are easy to stumble over. 
Therefore, in order to solve this problem, we propose 

a new type of insole. The insole is constructed with 
compound rubber elements that a sponge rubber is
covered with silicon rubber[2]. With respect to the 
element, since the sponge is coated with silicon rubber, 
air can be charged into the sponge chamber. As the 
results, it is possible to control the stiffness of the 
actuator by controlling pressure in the sponge chamber. 
Therefore, when some actuators are arranged in parallel, 
the actuators can estimate the distribution of external 
force that acts on the actuators. Thus, by making use of 
control of inner pressure of each actuator, the actuator 
can adjust torque that acts on the insole.

In this paper, we explain about the structure of insole 
that is constructed with the elements. Further, a test 
device to clear the effectiveness of the proposed insole is 
explained. Moreover, by using the test device an 
adaptive shape of the insole to distinguish between a roll 
motion and a pitch motion of the foot part is cleared. 
This is because that the walking motion is mainly 
constructed with the pitch motion and the roll motion. 
From these experimental results, basic characteristics of 
the proposed insole are clarified.

Fig. 1 Trajectory of Center of Gravity

Fig. 2 Structure of High Performance Insole

HIGH PERFORMANCE INSOLE

Structure of the Insole

The structure of proposed insole is shown in Fig.2. 
The insole is constructed with compound rubber 
elements, a rubber compressor and a tank chamber. 

When a subject walks on a road with shoes that has 
the proposed insole, air is compressed by the 
deformation of rubber compressor according to the 
motion of heels. Further, the compressed air is charged 
into the air chamber of the tiptoe part in the insole. Since 
pressure in the rubber element is measured by a small 
size pressure sensor, the stiffness of each rubber element 
can be controlled by pressure in the air chamber. 

Rubber Element  

In order to develop a new type of insole, we consider a 
pneumatic rubber element. The structure of the element 
is shown in Fig.3.

The actuator is made of two materials. One is silicon 
rubber and the other is sponge rubber. The sponge is 
coated with silicon rubber, and air can be charged into 
the sponge chamber. As the results, it is possible to 
control the stiffness of the element by controlling 
pressure in the sponge chamber. 

Fig. 3 Schematic View of Pneumatic Rubber Element

INSOLE TEST DEVICE

Structure of the Insole

When a person uses the shoes that have a high 
performance insole, the shape of the soft rubber element 
(SCSRA) is changed by external forces to the insole.  
This is because that the foot consists of a tiptoe, heel and 
the arch of a foot. Therefore, in order to clear the 
performance of the proposed insole, we developed a test 
device for an insole as shown in Fig.4. Figure 4(a) 
indicates a whole device and Fig.4(b) shows a foot plate 
(Ground) whose angles (a pitch angle and a roll angle) 
are controlled by pneumatic rotary actuators. Further, a 
foot model is attached to the 6-axis force sensor that is
set to the tip of the cylinder rod to drive in the direction 
of z-axis as shown in Fig.4(c).

In the experiment, two pairs of SCSRA are put on the 
floor (Fig.4(b):Ground). Further the floor is driven by
each rotary actuator. Thus, the inner pressure in the 
actuator is measured by a pressure sensor and the both 
torque and force in the direction of each axis that acts on 
the ankle part is measured by the 6-axis force sensor 
(Fig.4(c)).

By using the insole test device, we investigate an 

52
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



adaptive shape of the insole to distinguish the difference 
between a roll motion and a pitch motion of the foot. 
This is because that the main motion of falling down is a 
roll motion of the foot as shown in Fig.1. Therefore, we 
measure difference pressure between each element by 
using pressure sensors in the elements. Thus, we clarify 
the adaptive shape that the difference pressure does not 
be changed by a pitch motion but changes just only by a 
roll motion of the foot part.

(a) Test Device  

   (b) Mechanism of Foot Plate

(c) 6Axis Sensor Part

Fig. 4 Structure of Test Device

Suitable Shape of the Element

In order to clear the adaptive shape of the element to 
distinguish between a roll motion and a pitch motion of 
the foot by value of pressure in the elements, we 
investigate the shape of the rubber element that the 

difference pressure between each rubber element is 
almost zero when the foot rotates in the direction of pitch 
motion. That is to say, variation of the inner pressure of 
the rubber element is measured by making use of the
device that is shown in Fig.4.

(a) Symmetric Type   

 (b) One Side Inclination Type

Fig. 5 Rubber Element (Right Side)

(a) Variation of Pitch Angle  

 (b) Variation of Roll Angle

Fig. 6 Difference Pressure of Symmetric Type

53
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



In the experiment, we use 2 types of rubber element. 
Figure 5 shows each shape of the element. Figure 5(a) is 
symmetric type and Fig.5(b) is one side inclination type. 
By using these elements, we clear variation of the 
difference pressure between each element with respect to 
both a pitch angle and a roll angle.

Figure 6 shows the result with the symmetric type and 
Fig.7 is the result with the one side inclination type. The 
condition of each experiment is as follows.

[Condition]
(a): Force(60N), Pitch Angle (� -10°-10°)
           Roll Angle(� 0°)
(b): Force(60N), Pitch Angle (� 0°)
           Roll Angle(� -10°-10°)

From these results, it is cleared that in the case of the 
symmetric type, the difference pressure changes as the 
foot rotates in the direction of the pitch angle. On the 
other hand, in the case of one side inclination type, the 
value of difference pressure hardly changes when the 
foot rotates in the direction of pitch angle. As the result, 
it is clarified that the one side inclination type element 
can distinguish the motion of the foot by the change 
value of difference pressure between each element.

Further, the torque variation of the ankle part with 
respect to the one side inclination type element is shown 
in Fig.8. In this experiment the foot model is rotated in 
the direction of pitch motion. From this result, it is 
cleared that the variation of torque with roll motion is 
almost zero. Thus, by using the proposed element, the 
ankle is hardly damaged regardless of the shape of the 
one side inclination type.

EFFECTIVENESS OF THE ELEMENTS

In this chapter, we indicate the effectiveness of 
balance motion of the proposed element by adjustment of 
the pressure in each element. Figure 9 show torque 
values of ankle under each parameter.
      With respect to Fig.9 (a), when the inclination 
angle between foot and ground (where, the inside point 
of the right side foot is a base point) increases, the sign 
of roll angle becomes positive. That is to say, the inside 
point of foot back (Arch of foot) comes in contact first 
with the ground. At this time, it is cleared that by the 
apophysis of the foot, the torque becomes positive at the 
latter half part of the torque result (latter half of walking 
motion). 

Further, from Fig.9 (b), we verify that as the initial 
pressure of the outside element in the insole increases, 
the sign of torque in the direction of roll rotation 
becomes negative. That is to say, the elements of insole 
generate torque to the inside direction of the foot. 

Moreover, through Fig.9 (c), it is confirmed that 
when the pushing force of the foot to the ground 
increases, the roll torque in the direction of negative 
increases (Where negative sign means inside direction of 
the foot). 

(a) Variation of Pitch Angle

(b)Variation of Roll Angle

Fig. 7 Difference Pressure of One Side Inclination Type

(a) Movement in the direction of Pitch Angle

54
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



         (b) Movement in the direction of Roll Angle

Fig. 8 Torque of Ankle Part (One Side Inclination Type)

HIGH PERFORMANCE SHOES TO ANALYZE 

WALKING MOTION

In this chapter, we explain about shoes that can 
measure pressure patterns of the insole. The sample 
shoes are shown in Fig.10. Further, we indicate a system 
diagram and a control circuit of the shoes in Fig.11 and
Fig.12. As you can see the figures, the shoes have soft 
rubber elements (SCSRA1-4), an air pump, a battery, 
valves and control circuits. That is to say, the soft rubber 
elements in the insole are compressed when a subject 
walk on the ground. At this time, since pressure in the 
element is changed, the elements can be used as pressure 
sensors. Thus, by using the proposed insole, pressure 
patterns of the insole are measured. On the other hand, 
when pressure in the element is controlled by a computer, 
the stiffness of the element is adjusted. Further, with 
respect to the proposed shoes, each valve is driven by a 
battery and charge air is generated by a small size 
compressor (air pump). Further, 

By using the shoes, we assume a trajectory of
gravity position of the foot and analyze the walking 
patterns. In the experiment, subjects (students) equipped 
with the shoes walk on the walking machine as shown in 
Fig.13. We indicate sample results of walking motion in 
Fig.14. In the results, pressure values of each point of the 
foot are shown. Further, the trajectory of gravity position 
of each side foot is shown in Fig.15.

From the results it is clear that pressure in a heel 
point element is changed at the first time and the 
trajectory of gravity point moves to a tiptoe point 
(SCSRA4) from a heel point (SCSRA1). Thus, it is clear 
that we can analyze the walking pattern of the subjects
by using the proposed shoes.

CONCLUSIONS

In this paper, we proposed a new type of insole 
using rubber elements. From some experimental results, 
we cleared performance of the proposed insole. 
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(a) Roll Angle( F=60, P=0 )

(b) Settling Pressure( F=50 R=0 )

(c) Pushing Force( R=0 P=20(Outside) )
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(d) Back of Foot

Fig.9 Experimental Results and Back of Foot

Fig. 10 Prototype shoes

Fig. 11 System diagram

Fig. 12 Control circuit

Fig. 13 Appearance of experiment

Fig.14 Experimental results
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Fig.15 Trajectory of the center of gravity
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ABSTRACT

The purpose of this study is to develop a wearable master-slave upper limb training device, which can be used to a 
passive training for a trainee who can not move by themselves. Developed device has 7 D.O.F by using three kinds of 
pneumatic artificial muscles, which are chosen as suitable actuators to move each human joint. In this paper, cooperated 
movements are experimented to verify a capability of slave device. It is confirmed from the result that a subject who 
uses the slave device can follow the trainer movement. Therefore, this device may be expected to be able to train all 
upper limb joints independently or cooperatively.

KEY WORDS

Pneumatic, Artificial muscle, Soft mechanism, Wearable robot

INTRODUCTION

Many kinds of power assist device have been developed 
to assist a hard work, rehabilitate a human body in 
recent years [1]-[5]. These devices are driven with 
various actuators such as a electric motor, a hydraulic 
cylinder and so on. Above all, a pneumatic artificial 
rubber muscle is effective to drive these devices[4][5]. 
Since these devices used by a human is required a safety 
and a light weight. This actuator has a mechanical 
flexibility according to the air compressibility, a rubber 
material, and has a high power weight ratio. Therefore, 
this rubber muscle can realize a flexible and a light 
weight device with a simple mechanism. 
The purpose of this study is to develop a wearable 
master-slave upper limb training device for a trainer and 
a trainee. By realizing the wearable master-slave device, 
the trainer may be able to train the trainee easily since 

th
goal of this study is shown in Fig.1. The trainer and the 
trainee use the devices, and the trainer moves the upper 
limb. By looking the trainee's condition and moving the 

Fig.1 Image of final goal
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ner teaches the trainee an 
upper limb trajectory. The trainer can train the trainee 
only by moving the trainer's body. 
Developed device has 7 D.O.F by using three kinds of 
pneumatic artificial muscles, which are chosen as 
suitable actuators to move each human joint. Therefore, 
this device can apply torques to each human upper limb 
joint independently. In addition the trainer can train 
easily without a complicated calculation since the 
trainer who uses the wearable master device only move 

intuitively. 
In this paper, the structure of developed device is 
discussed, and then the cooperated movement is
experimented. It will be confirmed through the above 
experiment that the slave subject who uses the slave 

s movement 
cooperatively by applying the torques to each joint 
independently.

MOVEMENT OF DEVELOPED DEVICE

Fig.2 shows an overview the developed master and 
slave devices. This device has 3 D.O.F at a shoulder and 
1 D.O.F at an elbow, respectively. The same orthosis of 
the slave device in which the artificial muscle is not 
installed is used for a master device.
Developed device has 7 D.O.F, which is the same as the 
human upper limb. Therefore, this device can move the 
subject as shown in Fig.3, 4. The each elbow movement 
is shown in Fig.3. Similarly, the shoulder and wrist 

movement are shown in Fig.4, 5.

(a) Master device

(b) Slave device

Fig.2 Overview of developed device

(a)Extension     (b) Flexion

Fig.3 Movement of elbow device

(a)Flexion/Extension

(b) Abduction/Adduction

(c) Internal rotation/External rotation

Fig.4 Movement of shoulder device
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STRUCUTURE OF DEVELOPED DEVICE

Fig.6 shows the structure of the slave shoulder and 
elbow device. Layer type pneumatic muscles as shown 
in Fig.7 are put on a back side through a slide rail. 
Layer type pneumatic muscle expands to the height 
direction when the compressed air is supplied into this 
muscle. This expansion force is converted to the 
shoulder flexion/extension torque by the slide rail and 

the shoulder joint via a nylon band in the slide rail as 
shown in Fig.8.

(a) Palmar flexion/Dorsal flexion

(b) Ulnar flexion/Radial flexion

(c) Pronation/Supination

Fig.5 Movement of wrist device

(a) Side view (b) Rear view

Fig.6 Structure of shoulder device

(a-1) Initial state   (a-2) Pressurized state

(a) Pneumatic muscle for extension

(b-1) Initial state 

(b-2) Pressurized state

(b) Pneumatic muscle for flexion

Fig.7 Overview of layer type pneumatic muscle

(a) Extension         (a) Flexion

Fig.8 Principle of operation about shoulder 

flexion/extension
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McKibben type pneumatic rubber muscles are used for 
generating an abduction/adduction torque. The 
contraction force from this muscle is also converted to 
the abduction/adduction torque by the shoulder joint.
A shoulder internal/external rotation and an elbow 
flexion/extension torques are generated by extension 
type pneumatic rubber muscles as shown in Fig.9. This 
artificial muscle is installed to the orthosis with this 
muscle extended from the initial length. The restoring 
force of the rubber increases by extending to the length 
direction. Conversely, the restoring force decreases by 
pressurizing, since this muscle extends to the length 
direction when the compressed air is supplied. This
restoring force is used to generate the above torques in 
this device.
Two rubber muscles are installed on a slide rail 
alternately as shown in Fig.10. This slide rail is 
connected with the shoulder abduction/adduction device 
in which McKibben type pneumatic rubber muscles are 
installed as shown in Fig.7. Initially, both rubber 
muscles are supplied a balance pressures. In the case of 
external rotation, the rubber muscle for external rotation 

shown as red line in Fig.11 is decreased from the 
balance pressure, and the rubber muscle for internal 
rotation shown as blue line is increased. The human can 
be done the external rotation by the restoring force from 
the rubber muscle for external rotation. In the case of 
internal rotation, the human can be also done the 
internal rotation by the same principle. The wrist 
pronation/supination device shown in Fig.5 (c) in the 
following description has the almost same structure and 
principle of operation. 
Fig.12 shows the principle of operation about elbow 
device. The extension type pneumatic rubber muscles 
are put on the device so that both muscles are 
antagonized. When the rubber muscles for flexion and 

(a) Initial state 

(b) Pressurized state

Fig.9 Overview of extension type

Fig.10 Structure of shoulder internal/external 

rotation device

Fig.11 Principle of operation about shoulder 

internal/external rotation device

Fig.12 Principle of operation about elbow device
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extension shown as blue and red lines are decreased and 
increased from the balance pressure, this device can flex 
a subject elbow. Conversely, when the rubber muscles 
for flexion and extension are increased and decreased 
from the balance pressure, a subject elbow is extended.
Fig.13 shows the structure of the wrist device. In the 
wrist device, all movements are also driven with the 
extension type pneumatic rubber muscles. The 
pronation/supination device has the almost same 
structure of shoulder internal/external rotation device as 
the above description. The principle of operation about 
the palmar/dorsal and ulnar/radial flexion devices also is 
the almost same one about the elbow device.

COOPERATED MOVEMENT USING
DEVELOPED DEVICE

In this section, the cooperated movement using the 
master and slave devices is experimented. The master 
and slave subjects use each device as shown in Fig.14. 
The master subject moves the hand at 10s in period by 
using all upper limb joints to draw a circle, which is 
about 300[mm] in diameter. The slave subject does not 

use muscular strength. In this experiment, the devices 
are controlled based on the unirateral master-slave 
control system. The each slave joint angle is controlled 
with the angle control system to follow the master joint 
angles, which are the reference angles in the slave angle 
control system. The inner pressure of the antagonized
artificial muscle is calculated by the PI controller in the 
angle control system. Table 1 shows the main system 
parameters to show the each angle.
Fig.15 show the experimental results and the definition 
of each angle. The master subject draw the circle three 
times. In flexion / extension and internal / external 
rotation shown in Fig15 (a), (c), the slave angles are
saturated. This device has been designed as compactly 
as possible. Therefore, the generated torque from rubber 
muscle may be smaller than the required one to move 
the human body. It is the future work to cope with both 
the compactness and the increase in the generated 
torque. However, another slave angles can follow the 
master angles. It is another future work to improve the 
angle response against the master movement.  

CONCLUSION

The purpose of this study is to develop a wearable 
master-slave upper limb training device for a trainer and 
a trainee. In this paper, the structure of developed 
device has been discussed, and then the cooperated 
movement has been described.

(a) Rear view        (b) Side view

Fig.13 Structure of wrist device

Fig.14 Image of experiment

Table 1 Main system parameters

Parameter Explanation about parameter Unit

s

Joint angle at slave device

rad

Part Movement

sh1

Shoulder

Flexion/Extension

sh2 Abduction/Adduction

sh3
Internal rotation

/External rotation

el Elbow Flexion/Extension

wr1

Wrist

Palmar flexion

/Dorsal flexion

wr2
Ulnar flexion

/Radial flexion

wr3 Pronation/Supination

m Joint angle at master device rad
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In flexion / extension and internal / external rotation, the 
generated torque from rubber muscle may be smaller 
than the required one to move the human body. It is the 
future work to cope with both the compactness and the 
increase in the generated torque.
However, another slave angles can follow the master 
angles. It is another future work to improve the angle 
response against the master movement.
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(a) sh1                         (b) sh2                          (c) sh3

(d) el                         (e) wr1                          (f) wr2

     
(g) wr3

Fig.15 Experimental results and definition of each angle about cooperated movement
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EMG BASED WRIST REHABILITATION
USING PNEUMATIC PARALLEL MANIPULATOR
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ABSTRACT

To support wrist rehabilitation mechanically, we propose introducing a pneumatic parallel manipulator that
provides enough degrees of freedom (D.O.F.)corresponding to wrist motion and is inherent by compliant thanks
to air compressibility. We also propose electromyographically based training in which a payload set between the
joint angle and the muscle to be trained strengthens this muscle directly. We further propose detecting muscle
fatigue based on EMG frequency analysis. The effectiveness of our proposals is confirmed in experiments.

KEY WORDS
Wrist Rehabilitation, Pneumatic Parallel Manipulator,EMG,MPF

INTRODUCTION

Although 2008 physical therapy white paper[1] states
that about 12,000 of rehabilitation facilities and
35,000 of physiotherapist (P.T.) are currently avail-
able in Japan, at least 80,000 P.T. are needed to
serve all rehabilitation facilities equally. The use of
robot technology is expected to cope with the short-
ages of nursing labors in a medical/welfare fields and
some mechanical rehabilitation devices have been de-
veloped up to now[2][3][4][5][6].
In our focus on mechanical wrist rehabilitation de-

vices motion of human wrist joint and aim at de-
veloping a mechanical device to support a rehabili-
tation training instead of P.T. A pneumatic parallel
manipulator[7] is introduced from a view that it has 6
D.O.F. sufficient to correspond to complex wrist mo-
tion and has back-drivability resulted from air com-
pressibility, which works as safe function.
In generally, wrist rehabilitation with mechanical

system is implemented by giving a payload between
joint torque and joint angle/joint angular velocity.
We introduce a surface electromyogram (hereafter
called EMG) signal instead of a joint torque into the
wrist rehabilitation[9][10]. Owing to a rehabilitation

based on an EMG, we can select a corresponding mus-
cle and give it a training intensively. EMG signal is
also well known to be used as an index of a fatigue,
which means a possibility of a rehabilitation with fa-
tigue consideration.

In Japan, medical services under health insurance
were limited to 180 days. Using a mechanical de-
vice with the proposed scheme, patients can continue
the training even in their home. The validity of the
proposed system are confirmed through some experi-
ments.

DEVELOPED WRIST REHABILITATION
DEVICE

A pneumatic parallel manipulator shown in Figure 1
(a) is introduced as a wrist rehabilitation device[11]
from view that its multiple D.O.F. can correspond to
the motion of human wrist joint[12][13]. 6 low friction
type pneumatic cylinders(Airpel Co. Ltd., 9.3 mm
in internal diameter, 150 mm in rod stroke) are em-
ployed as driving actuators to form so called Stewart
type platform[14]. Figure 1(b) shows the pneumatic
driving circuit. The pressure in each cylinder’s cham-
ber, p1, p2 are detected by a pressure sensor and the
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Figure 1: Wrist rehabilitation device

displacement of a piston rod � is measured by a wire
type rotary encoder(0.025mm in resolution). A pres-
sure in chambers are regulated by a flow control type
servo valve(FESTO MPYE-5), where a supply pres-
sure is set to 500 kPa. Control algorithm is imple-

Table 1: Control parameters

Tp,Tpn Time constant of pressure response
Kp,Kpn Steady gain of pressure response

Kv Steady gain between piston velocity
and pressure

m,mn Equivalent mass for one cylinder
b, bn Viscous coefficient
fh Force/moment applied by patient
fpt Force/moment applied by P.T.
fe Force equivalently applied on a link
fs Force/moment measured by a sensor

A1,A2 cross sectional area of head/piston side
p1,p2 air pressure in head/piston side

� displacement of piston rod
J Jacobi matrix

Tq,Tpq Time constant of filter
u control input (input voltage of valve)

mented on RTAI a real-time extension of Linux with
sampling interval of 5 ms.

Figure 1 (c) shows the schematic diagram of the
manipulator. The position/orientation of the upper
platform is expressed by a hand coordinate frame
h = [x, y, z, φ, θ, ψ]T using roll-pitch-yaw angle no-
tation. The origin of hand coordinate frame h is set
at an above of a center point of an upper platform
of a manipulator, which is the same with that of the
wrist joint. A patient put its forearm above the upper
platform along with x axis of manipulator and receive
rehabilitation exercise by holding a jig mechanically
attached with a 6-axis force/moment sensor equipped
on an upper platform.

Similarly a link vector is defined as � = [�a, ...., �f ]
T

with an element of a displacement of each piston rod.
Force/moment vector at an origin of h is defined as

fh = [fhe
T |τhe

T ]T = [fx, fy, fz, |τφ, τθ, τψ]T , which
is obtained through coordinate transformation based
on the measured force/moment with a force/moment
sensor. Also, fh acts on a piston rod as an external
force fe, which satisfy the following relation from a
principle of a virtual work.

fh = JTfe (1)

, where J is a Jacobi matrix which forms the next
relation.

d�

dt
= J

dh

dt
(2)

Figure 1(d) shows a wrist motion, where prona-
tion/supination, radial flexion/ulnar flexion and flex-
ion/extension motion correspond to ψ, θ and φ, re-
spectively.
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Figure 3: Aspect of rehabilitation based on EMG

WRIST REHABILITATION BASED ON
EMG

In generally, rehabilitation is implemented based
on the relation between an applied torque and a joint
angle/angular velocity.
In this study, we introduce an EMG for a wrist

rehabilitation. The EMG based rehabilitation allow
us to train a muscle we want to train and evaluate
a property of a muscle directly, which is said to be
effective in the early period of rehabilitation after a
stroke.
Figure 2 (a) shows a control system for an EMG

based rehabilitation. The position based impedance
control system is employed and the input signal to the
impedance model Imp is an integral of EMG shown in
Eq.(3) as the index of muscle force. Figure (b) shows
a force generation control system included in figure
(a).

iEMG(t) =

∫ t

t−T
|EMG(p)|dp (3)

where an integral time T is set to be 1.0 s. The control
parameters are described in Table 1.
Figure 3 shows an aspect of wrist rehabilitation

based on EMG, where a patient with EMG sensor
put their palm into a mechanical jig attached on the
manipulator. Figure 4 shows the align of muscles in
a forearm, which are explained in Table 2.

EXPERIMENTAL RESULTS

Stiffness as payload

Figure 5 shows experimental results for setting stiff-
ness (Imp = K) between extension/flexion (φ) an-
gle and the antagonist muscle (extensor carpi radialis
longus and flexor carpi ulnaris), which are dominant
muscles for that direction. Figure (a) (b) correspond
to the extention/flexion joint angle and iEMG of the
both muscles, respectively. In figure (b), we can see
the antagonist muscles are activated in tern. In fig-
ure (a), red line shows the desired angle calculated

(a)Muscle for Flexion

(b)Muscle for Extension

Figure 4: Muscle for Flexion/Extension

by dividing iEMG with stiffness K. An actual angle
shown by blue line agrees with its desired one, which
shows the reference stiffness is well realized.

Figure 6 shows the results of the same experiment
with Figure 5, except for the motion direction is
changed to radial flexion/ulnar flexion. The proposed
training method correspond to the various direction
in wrist motion.

EFFECTIVENESS FOR AVOIDING OF
TRICK MOTION

A trick motion sometimes becomes matter in a re-
habilitation training. A trick motion means a motion
which is implemented not by correct muscle but by
another muscle. For example, wrist extension motion
is implemented by a motion of whole forearm with-
out using a corresponding muscle. This kind of trick
motion occurs sometimes due to the fatigue and it
is not easy to avoid under the general torque based
rehabilitation.

Figure 7 shows the same experiment with Figure 5
except that the input of impedance model is not an
iEMG but a wrist joint torque. In the Figure 7, we
can confirm the proper iEMG since trick motion is
not occurred in this case.
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Figure 2: EMG based rehabilitation control system

Table 2: Muscles in forearm

motion dominant muscle symbol support muscle symbol

Flexion Flexor carpi ulnaris A Flexor digitorum superficialis
Flexor carpi radialis etc. B Flexor pollicis longus etc.

Extention Extensor carpi radialis longus C Extensor digittorum E
Extensor carpi ulnaris etc. D Extensor pollicis longus etc.

Radial flexion Extensor carpi radialis longus C Flexor carpi radialis B
Extensor carpi rasialis brevis Flexor pollicis longus etc.

Ulnar flexion Flexor carpi ulnaris A
Extensor carpi ulnaris

In the mean while, Figure 8 shows the case of trick
motion, where iEMG is low since the muscle is not
activated in spite that angle and torque are large
value. Apparently it seems to be a correct rehabilita-
tion motion, but actually there is little effectiveness.
Therefore it is not easy to avoid trick motion if the
torque based control system is employed.

Figure 9 shows the case of trick motion but the con-
trol system is based on iEMG as proposed in Figure
2. In the figure (b), large joint torque is applied but
the joint angle shown in the figure (a) is not produced
since the iEMG is low (muscle is not activated). Ba-
sically, in the EMG based system, rehabilitation mo-
tion is not executed even in case of trick motion.

EFFECTIVENESS FOR FATIGUE
EVALUATION

In generally, a rehabilitation training is carried out
for a long time, therefore it is required for a control
system to consider a fatigue of a patient. It is well
known that a mean power frequency (MPF) of EMG
shifts to the low frequency range along with an in-
crease of fatigue of a muscle[15].

Figure 10(a) shows a MPF of a EMG of the exten-
sor digitorm muscle during continuous squeezing for
about 2 minute. A black line is the MPF of EMG cal-
culated using a FFT function in a GSL (GNU Science
Library), where the calculation is implemented ev-
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ery 200 sampling period(=1.0s). A GLS can be used
by calling from rehabilitation program implemented
with C code and owing to the multi-task function of
real time Linux. A gray line shows the raw EMG
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Figure 7: Rehabilitation without trick motion (con-
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Figure 8: Rehabilitation with trick motion (control
with torque)

data indicates that a muscle produce a force contin-
uously for 2 min. We can confirm MPF deteriorates
gradually to the low frequency range according to the
time.

This 2 min. trial is repeated 5 times with 1 min.
interval. Figure 10(b) shows the comparison with the
result of 5th time. The slope of the line in the case of
5th trial is larger than that of first one, which means
the fatigue is increased according to the progress of
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Figure 10: Fatigue index with MPF

training motion.

Using the proposed scheme, a P.T. and a patient
can confirm the current fatigue property without
stopping the rehabilitation training quantitatively
and it shows the possibility of regulating a rehabil-
itation motion based on a fatigue index.

CONCLUSION

In this study, a pneumatic parallel manipulator is
introduced as a rehabilitation equipment for human
wrist joint from a view point of its remarkable fea-
tures, such as, multiple D.O.F. suitable for complex
wrist motion and safety property due to the air com-
pressibility.

We propose a rehabilitation system based on an
EMG in order to give training to a muscle directly.
Using the proposed EMG based rehabilitation, the
following effectiveness are obtained.

1. We can train a muscle selectively and intensively
for variable payload.

2. We can select the pair of a motion and a muscle
owing to the multiple D.O.F. robotic mechanism,
which allow us to train a muscle even for a mo-
tion which the muscle is not dominant for.

3. We can avoid the trick motion since it is not
basically occurred in the proposed EMG based
rehabilitation.

4. We can evaluate the fatigue of a patient quanti-
tatively in parallel with a rehabilitation training
using a real time frequency analysis of EMG.

A concrete evaluation of the proposed system at a
rehabilitation facility and the more improvement of
rehabilitation method based on EMG are the matter
to be settled at present as future works.
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ABSTRACT

In a constant pressure valve-controlled hydraulic servo system, the response is excellent but the efficiency is 
deteriorated. In a load-sensing pump-controlled hydraulic servo system, the efficiency is excellent but the response is 
desired to be improved. In this study, an N-level pressure hybrid power supply is proposed to realize high efficiency and 
high response simultaneously. In this paper, the characteristics and the working principle are described. An experimental 
setup of a 2-level pressure hybrid power supply is used to conduct the experiments. Experimental results show that the 
efficiency is improved compared with a conventional constant pressure valve-controlled hydraulic servo system. And 
another high response type of the N-level pressure hybrid power supply is also proposed. Finally, a new ‘Active Charge 
Accumulator’ (ACA) which realizes compact N-level pressure power supply is proposed. The effective area of the 
piston in the ACA is controlled by switching the On/Off valves to realize the load sensing.

KEY WORDS

Hybrid power supply, High efficiency, High response, Accumulator, ACA

INTRODUCTION

As a control method of the hydraulic servo system, 
valve-controlled and pump-controlled method are the 
two conventional methods. In a constant pressure 
valve-controlled hydraulic servo system, a relief valve is 
used to keep the supply pressure for the servo valve to be 
constant. It is well known that the response of a constant 
pressure valve-controlled hydraulic servo system is
excellent. However, because excess flow rate with high 
pressure is always dumped to the tank through the relief 
valve, the efficiency of the system is deteriorated. Also 

the constant supply pressure generates the excess 
throttling loss in the servo valve when the load varies.
Consequently, the efficiency of the constant pressure 
valve-controlled hydraulic servo system is worse than a 
load-sensing pump-controlled hydraulic servo system. 
Regarding a load-sensing pump-controlled hydraulic 
servo system, several approaches have been widely used,
such as the displacement control of a variable 
displacement piston pump, and the rotational speed 
control of a fixed displacement pump, etc, to varying 
load conditions. However, how to realize the high 
response of a load-sensing pump-controlled hydraulic 
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servo system is still in the progress [1].
In order to realize high response, it is necessary that 
there are the valve-control and a high response power
supply in the hydraulic system. In order to realize high 
efficiency, the load-sensing is important. In the paper, a
hydraulic servo system by the use of N-level pressure 
hybrid power supply is proposed to realize high 
efficiency and high response simultaneously.

N-LEVEL PRESSURE HYBRID POWER SUPPLY

As mentioned above, to achieve high response, the 
valve-controlled and a high response power supply are 
essential. And to achieve high efficiency, supply pressure
and flow must adapt to the load. N-level pressure hybrid 
power supply has not only the high response 
characteristic, but also can adapt to the load. So a 
hydraulic servo system with N-level pressure hybrid 
power supply has high efficiency and high response. It is 
more efficient than the constant pressure 
valve-controlled hydraulic servo system. At the same 
time its response is faster than the load-sensing 
pump-controlled hydraulic servo system.
As shown in dash box in figure 1, a pump with unload 
valve, N accumulators with different applied pressure 
and N On/Off valves at the inlet of N accumulators are 
used to consist of an N-level pressure hybrid power 
supply. Comparing with the constant pressure hydraulic 
power supply as shown in dash box in figure 2, it has 
some differences. First, an unload valve is connected to 
the side of the fixed-displacement pump. Second, N
accumulators are used instead of the relief valve. 
According to the load, the applied pressures of the N 
accumulators are set to be in N pressure levels (i.e. p1,
p2,…, pn) from low to high. 
During the time system running, when an accumulator 
whose pressure adapt to the load is chosen, the On/Off 
valve at the inlet of the selected accumulator is opened,
and the selected accumulator is connected to the servo 
valve. Then supply pressure to the servo valve will reach 
to the pressure of the selected accumulator in a moment.
Consequently supply pressure adapt to the load very fast.
Moreover, at the beginning period of the selected 
accumulator connected to the servo valve, the pump 
supplies the oil to both the servo valve and the 
accumulator. And the pump is unloaded after the 
pressure of the selected accumulator reaches to the 
maximum value. After the pump is unloaded, the
selected accumulator supplies oil to the servo valve.
The hydraulic servo system with N-level pressure hybrid 
power supply has no excess oil flow back into the tank 
from the relief valve. And because N-level supply 
pressure to the servo valve by N accumulators can adapt 
to the load, there is no excess throttling loss in the servo 
valve. So the efficiency of the hydraulic servo system 
with N-level pressure hybrid power supply is very high.
And also, in the hydraulic servo system with N-level 

pressure hybrid power supply, supply pressure will reach

Figure 1 N-level pressure valve-controlled hydraulic
        servo system

Figure 2 Constant pressure valve-controlled hydraulic
servo system

to the appropriate pressure to the load in a moment by 
switching the accumulator, the response of the system is 
very high.

ANOTHER TYPE OF N-LEVEL PRESSURE 

HYBRID POWER SUPPLY

There are N ON/OFF valves at the inlet of the 
accumulators in the N-level valve-controlled hydraulic 
servo system as shown in figure 1. The construction of 
this type of the N-level pressure hybrid power supply is 
simple. But in this type, supplying flow from an 
accumulator to the system and filling flow from pump to 
an accumulator are controlled by the same ON/OFF 
valve. So that, an accumulator can be filled only the 
period the pump supplies the oil to the servo valve.
Therefore, on the occasion when input signal frequency 
is very fast, such as 20Hz, accumulators cannot be filled 
sufficiently.
So another type of N-level pressure hybrid power supply 
is proposed in this paper. As shown in figure 3, new type 
has two ON/OFF valves at the inlet of each accumulator.
Pressurized oil is supplied from the accumulators to 

M
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p1 p2 pN

Unload valve

M

Load

Relief  valve
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servo valve through ON/OFF valves (VAV1,VAV2,…,
VAVN). Also, accumulators are filled by pressurized oil 
from pump through ON/OFF valves (VPA1,VPA2,…,VPAN). 
The supply circuit from an accumulator to servo valve is 
separated from the filling circuit of an accumulator.
Consequently, the accumulator can be filled, regardless 
of whether the accumulator supplies oil to the servo 
valve or not. It means that the accumulators in new type
N-level pressure hybrid power supply can be filled 
sufficiently in high-frequency switching condition.

Figure 3 N-level pressure valve-controlled hydraulic
servo system (another type)

Because the purpose of experiments in this paper is to 
verify high efficiency of the N-level pressure hybrid
power supply, switching frequency of accumulators is 
not so high. Therefore, the N-level pressure hybrid
power supply as shown in figure 1 is used in this paper.

ACTIVE CHARGE ACCUMULATOR

A new ACA (Active Charge Accumulator) is proposed 
as illustrated in figure 4 to realize a compact N-level 
pressure hydraulic servo system.

Figure 4 Schematic of the ACA

In a common accumulator, no matter a bladder type or a 
piston type, the output pressure of the accumulator is 
determined by the nominal gas pressure charged and the 
volume of the oil charged and therefore cannot be 
controlled actively in a moment.
If the output pressure of the ACA can be controlled in N 
level actively, the proposed N-level pressure system will 
be very compact just by replacing the N accumulators 
with the ACA.
The proposed ACA is basically composed of a piston 
type accumulator. The effective area of gas side Agas is 
constant. On the other hand, the effective area of oil 
side Aoil is divided in N parts. There are N rooms in oil 
side. As shown in the figure, the areas of the N rooms are 
named as A1, A2, …, AN. N rooms except room No.1 are
switched to connect with room No.1 or tank by ON/OFF 
valves. 
For example, if all the N-1 rooms except room No.1 are 
connected to the tank, the effective area of oil side Aoil is 
equal to A1 and the output pressure of the ACA is 
calculated as pgas(Agas/A1). In this case, the output 
pressure of the ACA will be in the highest level. 
If all the N-1 rooms are connected to room No.1, the 
effective area of the oil side Aoil is equal to the sum of A1,
A2, …, AN and the output pressure of the ACA is 
calculated as pgasAgas/(A1+A2+…+AN)=pgas. In this case, 
the output pressure of the ACA will be in the lowest 
level. In the ACA, by controlling the N-1 valves
appropriately, the output pressure of the ACA can be
controlled in N levels between the minimum pgas and the 
maximum pgasAgas/A1. By using the ACA, the proposed 
N-level pressure system can be realized compactly.

2-LEVEL PRESSURE HYBRID POWER SUPPLY

To illustrate action principle of the N-level pressure 
valve-controlled hydraulic servo system, a 2-level 
pressure valve-controlled hydraulic servo system as 
shown in figure 5 is constructed. As shown in figure 5,
there are a high pressure accumulator and a low pressure 
accumulator. Pressure of the high pressure accumulator
is pH. Its range is 8.4MPa to 8.7MPa. Pressure of the low 
pressure accumulator is pL. Its range is 2.6MPa to 
2.77MPa. The parameters of the devices are shown in 
table 1. To switch quickly, two servo valves at the inlet 
of accumulators are used as the ON/OFF valves. Input 
signals of two servo valves are -10V to 10V. They are 
produced by Yuken Kogyo Co., Ltd. (Type:
F-LSVG-10-60-10. Frequency: 330Hz@-3dB/410Hz@
-90 ).
To illustrate the system action principle and verify high 
efficiency of the system, the input signal as shown in
figure 6 is used. There are the target displacement and 
the target force in the period of 20s. As shown in figure 6,
when the cylinder reaches 50mm after 9s, it begins to 
compress the spring. It begins to press on the fixed wall 
as reaching 67mm at 13.5s. It runs back after 16.5s. So 
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force control is used from 13.5s to 16.5s in pressing on 
the fixed wall (Force target: 5700N), and position control
is used in other period.

Figure 5 Schematic of experimental setup

Table 1 Specification of the experimental setup

Press force 5700N, max
Cylinder Piston diameter: 22mm

Head diameter: 40mm
Stroke: 150mm

Spring 26.1 N/mm
Low pressure accumulator Volume: 4L
High pressure accumulator Volume: 4L

Pump 6L/min, 1500rpm

Figure 6 Target position and force

According to unload valve and two valves at the inlet of 
two accumulators, there are four states in the 2-level
pressure valve-controlled hydraulic servo system as 
shown in table 2. In the state “LL” and “LU”, the low 
accumulator is connected to the system, and ps (supply 
pressure to the servo valve for controlling load) is equal 
to pL(pressure of the low accumulator). In the state “LL”,
pump is loaded. It means pump supplies oil to the low 
accumulator and the servo valve. In the state “LU”,
pump is unloaded. It means the low accumulator supplies 
oil to the servo valve. In the state “HL” and “HU”, the 

high accumulator is connected to the system, and ps is 
equal to pH (pressure of the high accumulator). In the 
state “HL”, pump is loaded. It means pump supplies oil 
to the high accumulator and the servo valve. In the state 
“HU”, pump is unloaded. It means the high accumulator 
supplies oil to servo valve. So, it can supply two 
pressures to the servo valve for adapting load by
switching VL and VH (two valves at the inlet of two 
accumulators). 
To keep the efficiency to be high, the phases of force 
control are in the high pressure mode and the phases of
position control are in the low pressure mode.

Table 2 Four states of power supply

State Control valve of 
accumulator

Pump

LL VL: 10V;  VH:-10V Load
LU VL: 10V;  VH:-10V Unload
HL VL: -10V;  VH:10V Load
HU VL: -10V;  VH:10V Unload

Table 3 Switching conditions of valves

Switching 
conditions

Change of 
valve state

Phase(1) Phase(2)
(LL LU)

pL > 2.77MPa Unload valve: unload

Phase(2) Phase(3)
(LU HL)

Displacement
increases to 

66mm

1.Unload valve: load
2.VL: -10V
3.VH: 10V

Phase(3) Phase(4)
(HL HU)

pH > 8.7MPa Unload valve: unload

Phase(4) Phase(5)
(HL LU)

Displacement
decreases to 

66.9mm

1.VH: -10V
2.VL: 10V

There are five phases in the position signal as shown in
figure 6. The states are shown in table 2. In the initial
state, pL is 2.6MPa and pH is 8.4MPa. At first, there is the 
state “LL” in the phase(1). Because the pump is 
supplying oil to the low accumulator and system, ps and 
pL are rising. After pL >2.77MPa, it reaches the phase(2) 
on the state “LU”. The low accumulator is supplying oil 
to the servo valve and the pump is unloaded. Before the 
force control, it reaches the phase(3) on the state “HL”
when the piston reaches 66mm. The pump is loaded and
ps and pH are rising. After pH >8.7MPa, it reaches the 
phase(4) on the state “HU”. The high accumulator is 
supplying oil to the servo valve and the pump is 
unloaded. When the cylinder returns to 66.9mm after
force control, it reach the phase(5) which is the same 
case as the phase(2). The switch conditions and valve
changes between phases are shown in table 3.
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As mentioned above, hydraulic power supply can be 
quickly converted between two accumulators and pump 
by controlling unload valve and two high-speed valves 
(VL and VH). So it can be achieved that high response 
and high efficiency of the hydraulic servo system by the 
use of 2-level pressures hybrid power supply.

(a) Position

(b) Force

(c) Pressure of pump and two accumulators

(d) Supplied pressure to the servo valve
Figure 7 Results of experiment I

EXPERIMENTS

Experiment I

To verify the efficiency of the 2-level pressure 
valve–controlled hydraulic servo system, experiment is 
preformed. Hydraulic circuit and experimental devices 
are the same as that shown in figure 5. Position signal is
the same as that shown in figure 6.
The servo valve to control the load is produced by Yuken
Kogyo Co., Ltd. (Type: LSVG-10-10-10, frequency:
350Hz@-3dB 450Hz@-90 ). The unload valve is 
produced by Hirose Valve Industry Co., Ltd (Type:
HSO-T03-A10F-21). When the servo system is running,
pL is kept between 2.6MPa and 2.77MPa and pH is kept 
between 8.4MPa and 8.7MPa.
Experimental results are shown in figure 7. The position 
response is shown in figure 7(a). The output force is 
shown in figure 7(b). It is verified that position response 
and force response are very good by the 2-level pressure 
valve-controlled hydraulic servo system. The supply 
pressure for the servo valve to control the load, shown in 
figure 7(d) adapt to the load. The pump pressure (pp)
and the pressures of two accumulators (pH, pL) are shown 
in figure 7(c). The pump is loaded just when 
accumulators are filled. Loaded time of the pump in the 
2-level pressure valve-controlled hydraulic servo system 
is very short. It can be concluded that fluid power
generated by the pump in the 2-level pressure 
valve-controlled hydraulic servo system is 93% less than 
that in a constant pressure valve-controlled hydraulic 
servo system.

Experiment II

Hydraulic circuit and experimental devices of 
experiment II are the same as that of experiment I. The 
pump flow is 15L/min. As shown in figure 8, the 
sinusoidal signal is used as the position signal. The 
period is 2s and amplitude is 25mm. When the cylinder
reaches 10mm, it begins to compress the spring. The 
spring force becomes maximum in 25mm which is the 
maximum position of the cylinder. The spring force is 
shown in the dotted line in figure 8.

Figure 8 Target position and force in experiment II
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(a) Position

(b) Force

(c) Pressure of pump and two accumulators

(d) Supplied pressure to the servo valve (ps)
Figure 9 Results of experiment I

To get high efficiency and good response, the servo 
system runs on the high pressure mode between 9mm
(before compressing the spring) and 24mm (after 
returning from 25mm). As shown in figure 8, there are
the high pressure mode in the phase(2) and phase(3) and
the low pressure mode in the phase(1), phase(4) and 
phase(5).
In the initial state, pL is 2.7MPa and pH is 8.4MPa. States 
of the 2-level pressures hybrid power supply and valve
changes between phases are the same as that shown in 

table 2 and table 3.
There are five phases in the position signal as shown in
figure 8. At first, there is the state “LU” in the phase(1).
It reaches the phase(2) on the state “HL” when the piston 
reaches 9mm. After pH >8.7MPa, it reaches the phase(3) 
on the state “HU”. When the cylinder returns to 24mm, it 
reaches the phase(4) on the state “LL”. After 
pL>2.77MPa, it reaches the phase(5) which is the same 
case as phase(1). The states and switching condition 
between states are like experiment I.
Experimental results are shown in figure 9. As shown in
figure 9(a) and figure 9(b), it is verified that position 
response and force response is very good by the 2-level 
pressure valve-controlled hydraulic servo system. From 
ps as shown in figure 9(d), it is verified that supply 
pressure to the servo valve adapt to the load. From pp, pH
and pL as shown in figure 9(c), it is verified that the 
pump is unloaded just when accumulators are filled.
It can be concluded that fluid power generated by the 
pump in the 2-level pressure valve-controlled hydraulic 
servo system is 80% less than that in a constant pressure 
valve-controlled hydraulic servo system.
From two experimental results, it is concluded that the 
efficiency of the servo system proposed in this paper is 
greatly improved compared with a constant pressure 
valve-controlled hydraulic servo system.

CONCLUSION

In this paper, two types of N-level pressure hybrid power 
supply are proposed. The hydraulic servo system by the 
use of the N-level pressure hybrid power supply is 
constructed and its characteristics are described. To 
realize a compact N-level pressure hybrid power supply 
hydraulic servo system, a new “Active Charge 
Accumulator” (ACA) is proposed and the concept is 
explained. Finally, the efficiency of the hydraulic servo 
system by the use of 2-level pressure hybrid power 
supply is verified to be very high experimentally.
Verification of the high response of the hydraulic servo 
system by the use of N-level pressure hybrid power 
supply and the characteristics of ACA are under study.
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ABSTRACT

A novel hydrostatic transmission (NHST) system is proposed in this paper. The proposed system reduce the energy 
consumption by recovering the braking energy A hydraulic accumulator, the key component of an energy regenerative 
system is used in a novel way to recover the braking energy without reversion of fluid flow. Both variable displacement 
hydraulic pump /motors are used when the system operates in the flow coupling configuration so it is able to match 
meet the difficult requirements of some industrial and mobile applications. Simulations and experiments were 
investigated with regard to using primary energy sources and recovering the energy potential of the system. The 
simulation results indicated that the round-trip efficiency of the system in energy recovery testing varied from 32% to 
66% while the experimental results showed that the round-trip efficiency varies from 22 % to 59%.

KEY WORDS

Hydrostatic Transmission, Constant Pressure System, Energy Saving, Flywheel, Hydraulic Accumulator

NOMENCLATURE

Aw  :   Accumulator heat convection area [m2]
C : Viscous friction coefficient    [Nm.s/rad]
J : Moment of inertia of flywheel [kg.m2]
Ksv : DC gain of the mechanism
n : Adiabatic coefficient [-]
p0 : Pre-charged pressure [Pa]
pi : Pressure at port of accumulator [Pa]
Qa : Flow rate into accumulator [m3/s]

Qi : ideal flow rate of pump/motor [m3/s]
Ql : loss flow rate of pump/motor [m3/s]
Tex : External torque [Nm]
Tl : loss torque of pump/motor [Nm]
Tm : Torque of hydraulic motor [Nm]
u(t) : Electric signal control [V]
u2 : Displacement ratio of pump/motor PM2
V0 : Volume of hydraulic accumulator [m3]
Vf : Fluid volume in the accumulator [m3]
x : Relative swivel angle of swash plate [rad]
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: Displacement ratio [-]
p : Pressure difference [Pa]

ac : Efficiency of accumulator [-]
fl,a : Acceleration efficiency of flywheel [-]
fl,d : Decelerating efficiency of flywheel [-]
m/p : Efficiency of pump/motor PM2 [-]

: Pump/motor speed [rad/s]

INTRODUCTION

Nowadays, the demand of energy is more and more 
increasing while the natural resources have been 
exhausted. Besides, the pollution of environment caused 
by vehicles has been being a serious problem. Therefore, 
researches about saving energy have been done, 
especially focus on braking energy regeneration of 
mobile vehicles, in order to save energy as well as 
reduce emission. In hydraulic systems, hydrostatic 
transmissions (HST), constant pressure systems (CPS), 
electro-hydraulic actuators (EHA) and secondary 
control systems with two common rails (CPR) have 
been considered as energy-saving systems. In a HST 
system, the velocity of the motor is continuously 
controlled by adjusting the pump flow rate. Thus, it is 
suitable for earth moving machines such as wheel 
loaders, tractions and forklifts, etc. [1]. However, the 
HST system cannot recover kinetic energy of the load, 
consequently, restricting its energy-saving potential. A 
CPS system employs a flywheel with an auxiliary 
hydraulic pump/motor so that it is able to recover 
kinetic energy of the load and reuse recovered energy. 
The CPS system studies in [2-3] have shown that these 
systems are adequate for mobile applications, such as 
vehicles. In an EHA system, batteries or 
super-capacitors are employed to store kinetic energy of 
the load [4]. The EHA system has high recovery 
efficiency and good performance but its applicability is 
restricted due to its low specific power and high price. 
In a CPR system, two common rails are employed: a 
high-pressure line connected with high-pressure 
accumulators and a low-pressure line connected directly 
to a tank. The CPR system is applied to vehicles and 
shows great energy consumption reduction, according to 
[5-6].
To inherit the advance of above hydraulic systems, a 
novel closed-loop hydrostatic transmission system with 
two hydraulic accumulators is proposed. A high 
pressure accumulator functions as power source as well 
as energy storage to absorb the braking energy from the 
pump/motor PM2 in braking phase for reusing later. 
The remains of this paper are organized as following: 
section 2 describes the proposed system and its 
operation; section 3 presents the mathematical model of 
the system; section 4 shows the analysis of simulation
and experiment results. Finally, conclusions are 
presented in the last section.

DESCRIPTION OF THE PROPOSED

HYDROSTATIC TRANSMISSION SYSTEM

In comparison to a traditional HST, two directional 
control valves (V1, V2) and two hydraulic accumulators 
(HA1, HA2) are added, shown in Figure 1. 

Table 1 Configurations of the system
V1 V2 Configuration

OFF OFF Flow coupling config.
ON --- Pressure coupling config.

Driving or reusing phase
OFF ON Pressure coupling config.

Braking phase

The high pressure accumulator functions as a storage 
system or a power supply, while the low pressure 
accumulator functions as a low pressure, high-flow 
source for the hydraulic pump during recovery time, and 
boosts the system during driving time. The functions of 
the two pilot check valves and two relief valves are 
discussed later for each particular configuration. The 
flywheel functions as an external load. By controlling 
the two directional valves V1 and V2, the system is able 
to operate in distinct configurations, shown in Table 1.

Fig. 1 Braking phase

Fig. 2 Reusing phase
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E. MotorP1Brake

HA2 HA1

PM2 ValvesFL

Fig. 3 Photograph of the test bench system

The pump P1 is operated to supply the fluid pressure of
the accumulator HA1. In braking phase, the pump/motor
PM2 functions as a hydraulic pump to transfers the 
kinetic energy of the flywheel FW to hydraulic energy 
stored in HA1 (Figure 1). In driving phase or reusing 
phase, the hydraulic energy of the accumulator HA1 is 
supplied to the pump/motor PM2, which functions as a 
hydraulic motor to accelerate the flywheel (Figure 2).

MATHEMATIC MODEL DESIGN

Hydraulic accumulator 

The hydraulic accumulator plays an important role in 
the system. The hydraulic accumulator here is modeled 
based on its physical attributes. According to [8], the 
nitrogen gas was assumed to compress and expand 
based on the adiabatic gas law: 

0 0 max min
n n npV p V p V (1)

Then the fluid volume in the hydraulic accumulator 
HPA was derived as:

0

1
0

0

0,

(1 ) ,

i

f n

i

if p p
V pV else

p

  (2)

Hydraulic Pump/Motor

Pump mode
The ideal flow rate, volumetric and mechanical 
efficiencies of the piston hydraulic pump are expressed 
in Eq. (3) , (4) and (5), respectively:

maxiQ D (3)

i l
vP

i

Q Q
Q

(4)

max

max
tP

l

D p
D p T

(5)

Thus, the actual output flow rate and torque input of the 
pump are expressed in Eq. (4) and (5), respectively:

p i pVQ Q (6)

maxi tPMT pD (7)

Motor mode
The volumetric efficiency, mechanical efficiency, actual 
flow rate and actual output torque of the piston 
hydraulic motor are expressed by Eq. (8) ~ (11), 
respectively:

max

max
vM

loss

D
D Q

(8)

max

max

loss
tM

D p T
D p

(9)

i
m

vM

QQ (10)

maxm tMT pD (11)

Electro-hydraulic displacement control mechanism 
(DCM)

This mechanism is a fifth-order mechanism, although in 
practical applications a reduced order model is usually 
used. We considered it as a first-order system and 
expressed as:

1

sv sv

u t
K K

(12)

where u(t) is the electric signal control, is the time 
constant, and Ksv is the DC gain of the DCM. 
The connecting lines

This mechanism is a fifth-order mechanism, although in 
practical applications a reduced order model is usually 
used. We considered it as a first-order system and 
expressed as:

1 1 2 2a pa r ma mi rQ v Q Q Q v Q Q (13)

If the dynamic characteristics of the directional control 
valves are ignored, v1 and v2 are only integer values, as:

0 :
1 , 1, 2

i
i

if V OFF
v

else i
(14)

Pressure values in the high and low lines are expressed 
by Eqs. (15) and (16), respectively,

1

1

:
:

g
s

l

p if V ON
p

p V OFF
(15)

pg and pl are the pressure of HPA and LPA, respectively.
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:
: :

l
r

g

p if V ON
p

p if V OFF and V ON
(16)

s rp p p (17)

Flywheel 

The dynamic equation of the flywheel is obtained by 
applying Newton’s second law:

m exT J C T (18)

SIMULATIONS & EXPERIMENTS

In this study, the HST with flywheel at FPMI Lab at 
University of Ulsan is used for simulation. Thus, the 
main parameters of the system are brought in for 
simulation, shown in table 2.

Table 2 Setting parameters of the system
Components Capacity Unit

Hydraulic pump P1

Displacement
Max pressure

[-55 55]
250

cc/rev
bar

Hydraulic pump/motor PM2

Displacement
Max pressure

[-55 55]
250

cc/rev
bar

Flywheel

Viscous friction coefficient
Moment of inertia

0.01
4.5

Nm.s/rad
Kg.m2

Hydraulic accumulator HA1
    Volume 

    Gas-pre-charge 
    Max pressure

20
120
280

Liter
bar
bar

Hydraulic accumulator HA2

Volume 
Gas-pre-charge

50
2

Liter
bar

Directional valve (V1)

    Max flow rate
    Pressure drop slope

140
15

LPM
L/bar

Electric motor

Power
Speed

25
1160

Hp
rpm

Influence of components on the overall efficiency

A cycle of energy recovery is defined as follows. The 
kinetic energy of the flywheel is transferred to potential 
energy in the accumulator in the form of high pressure 
fluid, which then transfers the stored energy back into 
kinetic energy in the flywheel. Five components 
participate in the recovery cycle that consists of 
flywheel – pump – accumulator – motor – flywheel. 
Round trip efficiency is defined as the fraction of 
energy available after reuse and before recovery from 
the flywheel. This relationship is expressed by Eq. (19):

, ,rt fl d p ac m fl a
(19)

Efficiencies of the flywheel caused by friction forces 
and the accelerator are assumed to be constant and 
similar in both the deceleration and acceleration times. 
Determination of the efficiency based on Figure 4 is as 
follows: Assuming a deceleration time of 3 seconds, the 
energy of the flywheel decreases from

2
0 0

1
2

E J to 2
3 3

1
2

E J after 3 seconds, so the 

efficiency fl is estimated by:

3

0
fl

E
E

= 0.9 (20)

The efficiency of the accumulator was assumed to be a 
constant of 0.95 in this section. Figure 5 shows the 
round trip efficiency versus the variation in the 
pump/motor efficiency. The round trip efficiency of the 
test bench varied from 32% to 66% when the motor 
efficiency was in the interval [0.6 0.94] and the pump 
efficiency was in the interval [0.68 0.92]. 
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Fig. 4 Flywheel test result

Influence of the pump/motor displacement

The energy recovery procedure is presented as follows. 
First, the displacement of the PM2 was fixed for each 
test, and low pressure accumulator HA2 was charged to 
3bar by an auxiliary pump that is not shown here. The 
flywheel was driven at 1100rpm to guarantee that the 
system achieved a steady state condition. Next, the 
pump P1 was shut off and valve V2 was ON 
instantaneously, while valve V1 was still OFF. The 
flywheel ran continuously because of its kinetic energy. 
Pump/motor PM2 functioned as a hydraulic pump. 
Pressure in the driving line was decreased, and pilot 
check valve CV2 was closed. Fluid was pumped from 
the low accumulator HA2 to the high accumulator HA1. 
When the speed of the flywheel reached zero, V1 was 
switched to ON. HA1 became the high pressure power 
source, powering PM2 which functioned as a hydraulic 
motor. The speed of the flywheel increased while the 
pressure in HA1 decreased gradually. During this time, 
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fluid moved from HA1 to HA2. When HA1 was out of 
energy, the speed of the flywheel was reduced. Then, 
directional valve V1 was switched OFF, but valve V2
was ON for the next recovery cycle. After some 
recovery cycles, the reuse maximum speed of the 
flywheel was reduced due to the characteristic of the 
flywheel, and the testing program was stopped. Four 
motor displacement ratios of 1, 0.75, 0.50 and 0.25 were
used in four tests numbered 1, 2, 3, and 4, respectively. 
To estimate the energy recovery potential of the system, 
a parameter called round trip efficiency is defined again 
as:

2
2max( 1)
max( 1)

2
2 max( )
max( )

1
2
1
2

i
i

rt
i

i

J

J

(21)

where max( )i , i = 0,1,2… is the maximum speed of the 
flywheel at recovery cycle i. 
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Fig. 5 Round trip efficiency versus pump/motor
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Fig. 6 Round trip efficiency versus motor displacement

The times needed to decelerate the flywheel from 
maximum speed to zero and to accelerate it from zero to 
maximum speed are called the braking and accelerating 
times, respectively. Figure 6 shows the speed curves of 
the flywheel from our four tests. The braking and 

accelerating times of the flywheel increased from 2.5 
seconds to 10 seconds, respectively, as the displacement 
ratios decreased from 1 to 0.25. 
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Fig. 7 Round trip efficiency versus cycling numbers
Figure 7 shows the round trip efficiencies of the system 
versus the cycle number of the four tests. Test number 4 
is not illustrated because only one cycle was conducted, 
and its value of 0.32 matched that of the previous 
analysis. The round trip efficiencies in tests 1 and 2 
were quite high, and varied from 55% to 64%. 
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Fig. 8 Pump/motor efficiencies
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Fig. 9 Parameters of the high accumulator

Figure 8 shows estimates of the volumetric and 
mechanical efficiencies of the pump/motor in test 1. In 
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this test, both mechanical and volumetric efficiencies of 
the hydraulic pump/motor were high. Figure 9 shows 
the simulation values of temperature and pressure in the 
high pressure accumulator. 

Experimental results 

This test was used to evaluate the validity of the 
employed mathematical model. Experimental round-trip 
efficiency was defined by Eq. (21). The speed of the 
flywheel in the equation was measured value. The test 
was conducted with four initial speeds of the flywheel 
corresponding to four displacement ratios. For each test, 
when speed of the flywheel reached the setting value, 
the pump P1 was shut off and the valve V2 was ON. 
When speed of the flywheel was nearly to zero, V2 was 
OFF and V1 was ON and the speed of the flywheel 
increases again. Figure 10 shows speed curve of the 
flywheel in two cycles of energy-recovery. The figure 
also shows that the simulation model was validity in the 
test.  
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Fig. 10 Speed of the flywheel (u2 = 0.75) 

Figure 11 shows simulation and experimental results of 
pressure in the accumulator HA1. From the figure, 
pressure in the accumulator increased from 60th second 
to 63rd second and it decreased again until 65th second. 
The next recovery cycle was taken in interval [70th 73rd]
second. Obviously, the initial kinetic energy of the 
flywheel was small the cycle of recovery was short. The 
measured pressure was a little lower than the simulation 
pressure, so the measured round-trip efficiency of the 
test bench would be lower than the estimated value in 
the previous subsection. 
Figures 12 and 13 show more detail about energy 
transformation in the system. Pressure in the 
accumulator increased from 120 bar to 130 bar 
corresponding to the flywheel speed decreased from 100 
rad/s to nearly 0 rad/s at 63rd second. Then, speed of the 
flywheel increased again but the pressure decreased 
from 130bar down to 120 bar at 65th second. The 
maximum flywheel’s speed was 73 rad/s and the 
round-trip efficiency was 53 percents.
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Fig. 11 Pressure in high pressure line
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Fig. 12 Measured speed and pressure during 
regeneration braking
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Fig. 13 Measured energy of the system
Figure 13 indicated that the accumulator recovered 8.3 
kJ of 12.5 kJ of the kinetic energy of the flywheel and 
generated again 6.7 kJ kinetic energy of the flywheel in 
the next cycle. Thus, recovery efficiency in this case 
was 66.4 % while reuse efficiency was 80.7%. 

90
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



600 900 1200 1500
0

10

20

30

40

50

60
O

ve
ra

ll 
ef

fic
ie

nc
y 

%

Initial speed of flywheel RPM

= 0.25
= 0.50
= 0.75
= 1.00

Fig. 14 Measured round-trip efficiency versus initial 
speed and displacement

Figure 14 showed the measured round-trip efficiency of 
the system versus initial speed and displacement ratio of 
PM2. Experimental results in this subsection confirm the 
validity of the employed mathematical model of the 
system. In the test bench the round-trip efficiency varies 
from 22 % to 59% according to the displacement ratio 
of the pump/motor PM2 varies from 0.25 to 1 and the 
initial speed of the flywheel varies from 600 rpm to 
1500 rpm. Pressure p2 is lightly increases when the 
directional switches its states.

CONCLUSIONS

A novel energy saving hydraulic system based on HST 
combined with a hydraulic accumulator was 
investigated through analysis and modeling. 
A model of the hydraulic pump/motor efficiencies was 
developed and was used to estimate the energy 
utilization and recovery of the system under different 
conditions.
The energy utilization of the system was analyzed for 
three control strategies, which indicated that ON/OFF 
control achieves a high efficiency with low speed and 
high torque ratio, and that the HST mode dominates the 
others with high values of both speed and torque ratios. 
Model validation indicated that the recovery energy 
potential of the system varied from 32% to 66 %
depending on the pump/motor displacement. Greater 
motor displacement ratio corresponded to a greater 
energy recovery potential. 
Experimental results confirmed the validity of the 
employed mathematical model of the system. In the test 
bench the round-trip efficiency varies from 22 % to 
59% according to the displacement ratio of the 
pump/motor PM2 varies from 0.25 to 1 and the initial 
speed of the flywheel varies from 600 rpm to 1500 rpm.
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ABSTRACT 

Recent passenger cars have been equipped with electric power steering (PS) for both saving energy and safety cruise 
assistance such as lane keep or vehicle distance control, however heavy-duty commercial vehicles are still steered by 
hydro-mechanical PS due to larger steering torque. It is necessary to develop high efficient electro-hydraulic control PS for 
hybrid commercial vehicles due to saving battery power. The authors presented a new type of AC-servomotor drive pump 
control valveless PS and showed the efficiency improvement on the power consumption compared to current valve-control PS 
from 2.5kW to 340W at full slalom steering in 14s of a 4-ton pay-load vehicle. Following to this study, steering feel, restoring
performance and insensitivity against kick back torque are examined by using a passive type load simulator with maximum 
torque capacity of 1500Nm on the basis of the Fiala’s two-wheel tire model. 

KEY WORDS

Power steering, AC servomotor, Pump control, Hybrid vehicle, Load simulator  

NOMENCLATURE 

Iz: vehicle inertia in yaw motion   
Ka: Control gain of controller 
Kf: Front tier cornering power 
Kr :Rear tire cornering power 
Ks: Servomotor control gain 
Ku: Gain of handle wheel torque to 
   steering angle [deg/Nm] 
l: wheelbase 
lf: distance from the vehicle center to front tire wheel  
lr: distance from the vehicle center to rear tire wheel  
m: vehicle mass 
Ms: self-aligning torque 

Pl: load pressure in cylinder 
Ql: load flow rate in cylinder 
Th: handle wheel operating torque 
TL: load torque 
u: vehicle speed element in x direction  
v: vehicle speed element in y direction 
V: vehicle speed 
y :displacement of hydraulic piston 
:side-slip angle of vehicle 
f:side-slip angle of front tire 
r:side-slip angle of rear tire 
:yaw rate of vehicle 
:sector gear rotating angle 
h: handle wheel operating angle 
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0:sector gear command angle 
:dry road-tire friction coefficient   
:non dimensional side-slip angle  

INTRODUCTION

Recent passenger cars have been equipped with electric 
motor assist power steering for both saving energy and 
safety cruise assistance such as lane keep or vehicle 
distance control, however heavy-duty commercial 
vehicles are still steered by hydro-mechanical PS due to 
larger steering torque. It is necessary to develop high 
efficient electro-hydraulic control PS for hybrid 
commercial vehicles due to saving battery power. In 
2008 JFPS Int. conference [1], the authors presented a 
new type of AC servomotor drive pump control PS and 
showed the power waste reduction compared to a current 
valve-control PS from 2.5kW to 340W at full slalom 
steering in 14s of a 4-ton pay-load vehicle [2]. This 
simulator is low cost and simple compared to high 
performance simulators [3]. It is possible to be set up by 
combining same steering units through the sector gear 
shafts. The load is controlled by hydraulic piston 
pressure with using an electro-hydraulic pressure 
proportional valve. 
This paper shows mechanism, steady-state and dynamic 
characteristics of the AC servomotor drive pump control 
valveless PS for HEV commercial vehicles with using 
the electro-hydraulic load simulator. 

AC SERVOMOTOR DRIVE PUMP CONTROL 

PS AND LOAD SIMULATOR 

Figure 1 shows schematic figure of the AC servomotor 
drive pump control valveless PS combined with an 
electro-hydraulic control load simulator. The PS is a 
modified type of a current IPS without control valves. 
Figure 2 is a control system of the valveless PS. The 
handle wheel steering torque Th is converted to the 
command signal of the sector gear shaft rotary angle 0
through the torque sensor. The sector gear rotating angle 
 is controlled in relation to 0 by the 10cc/rev axial 

piston pump driven by the AC servomotor with 
maximum rotational speed of 2000rpm and power of 
1.3kW.  
The output shaft of the PS in Fig.1 is connected to the 
sector gear shaft of the load simulator through a high 
torque sensor. The load is controlled by the pressure of 
the load piston as shown in Fig.3. In Fig.3, a trochoid 
pump charges to the piston at pressure of 0.2MPa for 
avoiding cavitation. 

Figure 1 AC Servomotor drive pump control PS and 
passive type hydraulic simulator 

Figure 2 Control system of AC servomotor drive pump 
control PS 

Figure 3 Hydraulic circuit of the load piston 
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MODELLING OF SELF-ALIGING TORQE OF 

TIRE

The vehicle motion is expressed by using a simple 
two-wheel model [4,5] in Fig.4, and slip angle f of
front tire is modeled as shown in Fig.5.  
The self-aligning torque Ms is expressed according to the 
Fiala’s theory [6,7]. 
For 0, 

and 0, 

where 

and

Figure 4 Vehicle turning motion simplified by two wheel 
model 

Figure 5 Front tire slip angle of f

MEASUREMENT OF SELF-ALIGNING 

TORQUE  

Theoretical self-aligning torque characteristics,  to Ms,
of a 4t truck with m=2000kg and 4000kg at vehicle speed 
of V=50km/s, and their measurements are shown in Fig.6 
and Fig.7, respectively. On the measurement of Ms, the 
conversion coefficient from load piston pressure PL to 
Ms is set to be 229Nm/MPa. The load pressure PL of the 
simulator at V=50km/h is 0.5MPa at maximum, of which 
value is small compared to the stationary steering load 
pressure of 5MPa. 
The parameters of vehicle and road friction are listed in 
Table1.  

Table 1 Parameters of vehicle and tire friction 

Figure 6 Measurement of self-aligning torque Ms of load 
simulator at m=2000kg, V=50km/h 

Figure 7 Measurement of self-aligning torque of load 
simulator at m=4000kg, V=50km/h 

m Vehicle mass at no load 2000kg 
Vehicle mass at full load 4000kg 

Kr

Cornering power of front wheel 
at no load 

42000N/ 
deg 

Cornering power of front wheel  
at full load 

84000N/ 
deg 

l Length of wheel base 4.6m 
friction coefficient of dry asphalt 
 road 

0.8 

lflr

Ff
F

Vv

u

f

r

l

Kr Kf

m
y

x

lflr

Ff
F

Vv

u
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l

Kr Kf

m
y

x

Direction of
movement

Plane of 
tire rotation

Non 
slip area

Slip 
area

Cornering 
force

x

f

Direction of
movement

Plane of 
tire rotation

Non 
slip area

Slip 
area

Cornering 
force

x

f

(1) 

(2) 
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HANDLE WHEEL STEERING TORQUE 

CHARACTERISTICS

The AC servomotor drive pump control PS is easy to set 
the handle wheel steering torque characteristics. Figure 8 
is an example of steering characteristics; relation 
between steering angle h and handle wheel torque Th. 

Figure 8 Example of steering characteristics;  steering 
angle h  and handle wheel torque Th

Figure 9 Measured handle wheel torque characteristics 
of AC servo motor pump control valveless PS; handle 
angle h to handle torque Th at a handle wheel steering 

speed of 30 degs/sec 

Figure 9 is measured handle wheel torque characteristics 
at a handle wheel steering speed of 30 degs/s. We can see 
low hysteresis of the characteristics. 

VEHICLE SPEED COMPENSATING 

TORQUE FOR HIGHWAY CRUIISING 

Handle wheel steering torque is better to be set heavier 
for stable cruising on highway [8]. In this paper, it is 
achieved by giving variable stiffness around the handle 
wheel neutral position in relation to the vehicle speed. 
The stiffness is expressed by the slope of the 
compensating torque Tv/ h in the range of neutral to 
operating angles of 90 degs. The compensating torque Tv
is set to be in relation to the vehicle speed V as shown in

Fig.10. 

Figure 10 Vehicle speed compensation torque Tv for 
giving stiffness from neutral to 90 degs around handle 

wheel neutral position 

Figures 11 and 12 are measured examples of the vehicle 
speed compensated handle wheel torque Thv at low speed 
of V=20km/h and high speed of V=80km/h. The former 
is same characteristics shown in Fig.9, but precise 
expression around the neutral position. 

Figure 11 Measured handle wheel torque Thv
characteristics at V=20km/h 

On the other hand, we can see higher stiffness at
V=80km/h in Fig.12.  
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Figure 12 Measured handle wheel torque 
characteristics at V=80km/h; higher stiffness around 

neutral position 

STEERING WHEEL RESTORING 

CHARACTERISTICS

Steering wheel restoring characteristics [9] are 
measured for evaluating PS restoring feeling. Figures 
13 and 14 are measured and simulated transients of 
handle wheel restoring from 720 and 360 degrees to 
neutral position at V=20km/h, respectively. We can see 
adequate turning speed in both tests. 

Figure 13 Measured and simulated restoring transients of 
handle wheel to the neutral position from 720 degrees 

with steering torque of 8 Nm at 20km/h of vehicle speed 

Figure 14 Measured and simulated restoring transients of 
handle wheel to the neutral position from 360 degrees 
with steering torque of 3.2 Nm at 20km/h of vehicle 

speed 

INSENSITIVITY AGAINST KICK BACK TORQUE  

Heavy duty vehicles require insensitivity against 
sudden load torque change from tire. As this simulator 
is a passive type, power is not supplied from outside, 
the insensitivity is measured by giving step change of 
pressure in the hydraulic load cylinder. In Fig.15, the 
steering wheel is operated in slow speed from -400 
degrees to neutral.  

Figure 15 Insensitivity test of the handle wheel torque Th
against kick back torque on the sector gear shaft from 

1029 Nm (PL=4.8MPa) to 64Nm (PL=0.3MPa) 
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The load pressure PL=4.8MPa is equivalent to the sector 
gear torque of 1029Nm. We can see that the handle 
wheel steering torque Th reduces continuously without 
any sudden change against the step-like pressure changes 
from 4.8 to 0.3MPa at time t=0. 

CONCLUSIONS 

This paper shows performance of the AC servomotor 
drive pump control valveless PS for a heavy duty HEV 
by using a passive type electro-hydraulic load simulator. 
The simulator is coupled with same size hydraulic PS 
units through the sector gear shafts with torque capacity 
of 1500Nm. The load torque acting on the tire is 
simulated by the two wheel steering model according to 
the Fiala’s theory, and is controlled by the pressure of 
hydraulic cylinder of the simulator. By using this test rig, 
steering feel, steering restoring responsibility, vehicle 
speed compensation torque characteristics and 
insensitivity against kick back torque are measured. The 
AC servomotor drive pump control valveless PS reduces 
power waste from 2.5kW to 0.34kW for a 4ton pay load 
commercial vehicle compared to the current valve 
control hydraulic PS, and gives easy setting of the 
steering wheel torque characteristics. 
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ABSTRACT

The deep-sea drilling vessel (D/V) Chikyu is a riser-equipped, dynamically positioned scientific drill ship built for the 
purpose of scientific research and exploratory expeditions. The vessel is designed to access scientific targets deeper than 
previously attempted, to depths of 7000 m below the seafloor, in order to recover core samples in the deep oceanic crust. 
Innovations and improvements of the drilling systems will be vital in order to withstand such extreme environments as 
temperatures of over 250 degree Celsius (deg. C) and pressures greater than 1000 atm. Efforts are also focused on the 
development of new types of coring systems including a turbo-corer as part of research into key technologies of 
national strategic importance. This study introduces the present status in development as well as new conceptual 
designs and technological work being carried out for coring systems that can achieve high performance and efficiency 
even under extreme drilling environments.

KEY WORDS

Key words, Turbine, Circulation, Fluid Analysis, Fluid Power, Drilling

INTRODUCTION

The deep sea drilling vessel (D/V) Chikyu (Figure 1) was 
completed in July, 2005 and measures 210 m in overall 
length, 38 m in breadth, and has a gross tonnage of 
approximately 57,000. The top of the derrick is located 
approximately 121 m above sea level. The vessel has 
been built for the purpose of scientific research and can 
carry out deep sea drilling up to a depth of 7000 m below 
the seafloor to recover core samples in deep underwater 
formations. The core samples are investigated for 
scientific analysis in elucidating the factors involved in 
environmental change, earthquake outbreak mechanisms, 

and deep biosphere and solid earth cycles below the 
seafloor [1]. Our work is also part of multinational 
investigations in these areas under an international 
scientific effort called the Integrated Ocean Drilling 
Program (IODP). The D/V Chikyu is equipped with a 
riser subsea system and riser-pipes, currently of 2500 m 
and in the future 4000 m, along with two heave 
compensation systems, i.e., passive and active, which 
allow stable drilling and coring under rough sea 
conditions. Presently, the D/V Chikyu can drill to a 
vertical maximum depth of 9500 m (in 2500 m water 
depth) while aiming to eventually reach up to 11000 m 
(4000 m water depth).
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Scientists have recently found remarkable differences in 
the kinds of rocks present within the upper mantle. While 
typical mantle rocks appeared in the drilled holes, mantle 
rock in combination with a significant amount of gabbro,
a rock that makes up the lower layer of the ocean crust,
has also been cored. Gabbro forms from molten rock, or 
magma, that rises out of the mantle and hardens deep 
within the crust. The finding of this rock in the mantle 
has led researchers to believe they have penetrated a 
fossilized conduit through which mantle magma has 
risen into the crust. Researchers have also drilled a major 
hole into the gabbro rocks of the deep crust. The D/V
Chikyu is involved in groundbreaking work to reach deep 
in

improved and new drilling technologies are presently 
under development [2].

TURBO-CORER

When drilling to extreme depths, the drill pipes will 
encounter intense friction so that drill bit efficiency will 
be lost as power from the rig-surface top drive system 
lessens. Core recovery can also be expected to decrease 
and the core samples damaged by problems such as the 
stick-slip phenomenon. More power at the bottom of the 
borehole will, thus, be required for extremely deep 
underwater formations. A conventional core barrel would 
no longer be effective in vertical holes of up to 7000 m
below the seafloor (BSF). A conceptual design for a 
more powerful and effective turbo-corer is now under 
development, as shown in Figure 2. This turbo-corer 
consists of a power section (turbine, reduction gear), 
transmission section (spline coupling, shaft), and bearing 
section. The turbine motor assembly and inner core tube 

are retrievable using a rig-equipped wire-line (core line) 
latch on the pulling neck so that the cores can be 
continuously recovered. The new method combines an 
adjustable bent housing sub which is located between the 
outer barrel, just above the inner core tube.
Most conventional turbo-corers lack reduction gear 
especially for the smaller size of the BHA, however, we 
have developed turbo-corers that control and maintain 
appropriately high torque for efficient drilling. In the past,
several types of conventional turbo-corers have been 
used [3]. With the most commonly used hollow type 
turbo-corers, the turbine motor section is located in the 
outer core barrel and is non-retrievable, remaining 
downhole even when damaged. Development of a corer 
which allows retrieval of the turbine motor section and 
reduction gear have enabled constant maintenance and 
repair at the surface, significantly, during coring 
operations.
Figure 3 shows the turbine motor assembly and turbine 
blades (rotors and stators). There are a total of 40 turbine 
stages on the turbo-corer. The turbine blades rotate at a 
maximum of 8000 revolutions per minute (RPM) and 
100 ~ 400 RPM actual operating rotary speed with an
expected operating torque of up to 7500 N-m with the
reduction gear. A turbine motor was found to be better 
for high bottom hole temperatures of over 300 deg. C as 
well as extended use compared to a positive 
displacement motor (PDM) which uses elastomer 
components to prevent vibrations while turning but has a
maximum temperature capacity of only 175 deg. C or so 
and, thus, is prone to friction, melting and bending out of 
shape [4]. The core bits are especially prone to damage 
and wear when drilling in extremely hard formations.
Hard formations in a deep vertical section create a 
drilling environment with the risk of increased vibrations 
which can cause catastrophic damage to the bit 
components and cutting structure. Thus, special core bits 
which have passed several land drilling tests have been 
developed specifically for deep sea scientific and 
exploratory drilling in soft to hard formations. Analysis 
of bit performance under various conditions was carried 
out to determine core bit selection, high core recovery 
and core quality from ultra deep formations. The newly 
developed core bits are shown in Figure 4. Two types of 
core bits, the impregnated diamond bit and 
polycrystalline diamond compact (PDC) bit, were
designed particularly for hard formations at extreme 
seafloor depths. The size of the core bits is 8-1/2 inches.
They differ in cutter shape, matrix body, number of 
diamond tips and total flow area depending on the 
different formation strata and hardness encountered 
during coring expeditions. Initial target specifications of 
the turbo-corer are shown in Table 1. The specifications 
were proposed based on the design of our standard rotary 
core barrel (RCB) which is retrievable by wireline. A 
borehole size of 8-
in deeper sections.

Figure 1 Scientific riser equipped deep-sea drilling 
Vessel Chikyu
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Figure 2 Schematic of Turbo-corer

Figure 3 Turbine motor assembly 
Top: turbine motor unit,
Bottom: turbine blades (stators and rotors)

Pulling Neck

Torque Reaction Latch

Turbine Motor

Reduction Gear

Spline Coupling

Core Barrel

Core Bit

Figure 4 Core bits
(Left: Impregnated diamond, Right: PDC)
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TURBO-CORER PERFORMANCE TESTS

Turbo-corer tests were carried out to estimate its 
capability for maintaining the required torque and how
much drilling fluid pressure can be reduced with the 
turbine reduction gear as well as other tests to fine tune 
the smaller components.
Model experiments
A model of the turbine motor which is a 1/2 scale size of 
the actual turbo-corer is shown in Figure 5. The 
conceptual design has 40 turbine stages of rotors and 
stators. However, component tests were carried out for 
just 5 stages using this scaled model which includes the 
reduction gear and spline coupling to estimate the 
performance of an actual size turbine motor. The mud 
weights in the tests were 1.35 g/cm3.

The actual operating torque required is 3500 N-m with a 
rotary speed of 100 RPM for the turbine motor including 
reduction gear. The fluid flow rates into the turbine 
stages were as high as 600 ~ 1100 l/min which are about 
the same flow rates for a RCB coring system and is, thus, 
effective for borehole stability and bringing the 
formation cuttings to the surface. The reduction gear was 

assembled with the spline coupling connected to the 
shaft to generate appropriate torque which was then 
measured by a torque meter. 
Results of the model experiments
Experiments of 1/2 scale size were carried out in order to 
obtain the performance curves for the power section. The 
actual turbine motor power, efficiency factor and torque 
can be converted using the Equation below. A specific 
speed for the waterwheel formula can convert the 1/2 
scale size test to the actual turbine motor performance 
curves. The following Equation (1) can calculate the 
specific speed of the turbine while Equation (2) is used 
to calculate torque and power in the full size turbine.

s

t

N 
P

PN
2
1

4
5

(1)

1000
N*T* Pt

30
(2)           

Ns: Specific speed of turbine (Ns = 66.7)
N: Rotation (RPM) of 1/2 scale turbine
Pt: Power by one stage of turbine

: Pressure drop of turbine. 
T: Torque

The characteristic curves of the turbine motor are shown 
in Figure 6, as plotted using the Equations. The curves 
indicate the performance for power Pt, torque T,
efficiency factor and pressure drop . The turbo-corer 
is designed for 100 RPM, thus at present, 3500 N-m
torque can be generated.

Coring Depth (m-BSF) Up to 7000

Formation hardness Medium ~ Hard

Core Bit OD (in.) 8.5

Core Sample Size (in.) 3.25

Core Sample Length (m) 4.5

Operating WOB (kN) 10 ~ 100

Operating Torque (N-m) 2000 ~ 7500

Rotary Speed (RPM) 100 ~ 400

Max. Operating Temp. (deg.C) 300

Flow rate (l / min) 600 ~ 1800

Mud Weight (g/cm3) 1.0 ~ 1.8

Table 1 Initial design specifications of the turbo-corer

Figure 5 1/2 scale Turbine motor

Turbine (Rotor and Stator) Reduction Gear

Spline Coupling

Figure 6 Characteristic curves of the turbine motor
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Prototype performance tests
A turbine motor prototype (scale 1/1) was manufactured
(Figure 3) and performance tests were carried out using 
the rotary and torque measurement system assembled 
with the circulating casing pipe (over 20 m). The 
instrumented system used at the site is shown in Figure
7. The turbine motor assembly (2 ~ 3 units) was installed 
in the casing pipe and latched. The circulating pump 
shown in Figure 8 for an oil-gas field was brought to the 
site to circulate a maximum flow rate of more than 1000 
l/min with pressure at approx. 5 MPa. 
Such factors as the stall torque T or rated torque, rotary 
speed of turbine motor R, flow rate of circulating fluid
Q1, and pump pressure of circulating fluid P were 
recorded. The unit houses a computer as well as data 
logger. The data scan rate is 100 msec. All of the drilling 
parameters can be monitored on a display.

In order to evaluate core bit adoptability for various flow 
rates as well as to investigate turbine motor capability
and durability, circulating tests were carried out. The 
field tests for instrumented circulating were carried out 
in Hitachi-Omiya city, Japan. The experiments were 
carried out for a total of 20 days. Fresh water (1.0 g/cm3

density) was circulated using the pump systems. Test 
components of 1/1 size scale were also manufactured and

further tests carried out. The turbine motor was 
combined as 2~3 units. The pressure sensors were also
installed both above and below the turbine motor section,
as shown in Figure 9, in order to assess pressure loss.

Results of the experiments
Figure 10 shows the results of the turbine motor 
performance tests. The reduction gear performance was 
not included in these results since the gear shaft was 
damaged during the experiment. The parameters were as 
follows: Q1: 450 ~ 1000 l/min, P: 1.0 ~ 4.2 MPa, R: 600
~ 1020 RPM, and T: 100~300 N-m. The rotation speed 
as well as stall torque increased with regard to the flow 
rate. Due to overly fast rotation speed, the thrust and 
radial bearings were damaged, showing the material to 
be too fragile, so that testing had to stop while fixing the 
damage and redoing the tests. The fast rotation made the 
turbine rotor and stator to come into contact, causing 
severe damage. The bearing section of the turbine motor,
thus, requires modification. However, overall, 
experiments with the turbine motor could be successfully 
carried out to reach the initial specification torque and 
rotation speed.

Figure 10 Turbine performance curve 
(Torque and RPM with regard to flow rate)

Figure 7 Experiment site
(Left: torque measurement system)

Figure 9 Pressure sensors above and below the 
turbine motor section

Figure 8 Circulation pump for the experiments
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CONCLUSIONS

This paper presents an overview of the technological 
developments being carried out in our coring systems 
and equipment as well as an outline of a conceptual 
study for deep sea drilling to retrieve core samples from 

The turbo-corer is presently under development for more 
power under high temperature conditions. Tests were 
carried out on a 1/2 scale size model and results were 
obtained to estimate the power, efficiency factors and 
torque required for efficient drilling operations.
Prototype performance tests using a turbine motor were 
also carried out. Component testing against extreme deep 
sea drilling conditions were carried out in order to 
clearly define the required improvements and 
modifications. A specially developed turbine motor
section was also evaluated.
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ABSTRACT 

The purpose of this study is to estimate fluid transients in a pipe using measured pressure values of three points. In this 
study, method of estimating fluid transients by combining a steady-state Kalman filter and an optimized finite element 
model of pipeline dynamics was proposed. In this paper, fluid transients in a pipe were estimated off-line by using 
experimental values in order to show basic performance of the Kalman filter. For comparison, the method of 
characteristics and was applied to the same data. Estimation results of the Kalman filter show good agreement with the 
result of the method of characteristics. In addition, Steady flow rate estimated by the Kalman filter was compared with 
the flow rate measured by flow meters. In this comparison, it was confirmed that the estimated result is proportional to 
the measurement result. 

KEY WORDS

Kalman Filter, Pipe Flow, Optimized Finite Element Model, Simulation 

NOMENCLATURE 

A : Cross section of the pipe line 
Ap, Bp : coefficient matrix of OFEM model 
A, B, E, F : coefficient matrix 
c : wave speed 
C : output matrix 
G : coefficient matrix 
KT : Kalman Filter gain 
P : Solution of Riccati eqation 
p : pressure vector 
p  : input vector of OFME model 

pf : a function of flowrate 
Q : covariance vector of system noise 
q : flow rate vector 

R : covariance of sensor noise 
t : time 
v : sensor noise 
w : system noise 
x : state variable of OFEM model 
 : Density 

Subscript 
N : number of grid point 
up : upstream end 
mid : mid point 
down : downstream end 
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INTRODUCTION

Two major methods of understanding fluid transients 
are measurements and simulations. However, pressure 
and flow rate of a point which is not a measurement 
point cannot be obtained by the measurement with a 
sensor. Moreover, the simulation that uses the 
approximate expression includes error margin. Recently, 
the study on the technique for combining two 
techniques, the measurement and the simulation, is done. 
For example, in measurement of the flow rate in a pipe, 
remote measurement of instantaneous flow rate was 
proposed by Yokota (1991)1) and a real time measuring 
method of unsteady flow rate and velocity employing a 
differential pressure in a pipe was proposed by 
Zhao(1986)2). In these techniques, the flow rate of one 
point was obtained from the measurement of the 
pressure of two points by using the hydraulic pipeline 
dynamics. 
On the other hand, Measurement-Integrated Simulation 
was proposed by Funamoto and Hayase (2004)3) .In 
these techniques, a lot of calculations are required, 
because fundamental equations of three dimensional or 
two dimensional flow are solved. 
In this study, method of estimating fluid transients by 
combining a steady-state Kalman filter and an 
optimized finite element model (OFEM model) of 
pipeline dynamics was proposed. In this estimation, it is 
expected that not only flow rate of various points but 
also pressure of various points can be measured 
indirectly from measured pressure of three points 
without accurate setting of initial condition. 

OUTLINE OF INDIRECT MEASUREMENT 

METHOD

OFEM model is based on the equation of motion of 
fluid flow in a circular pipe and the continuity equation. 
Based on an interlacing grid system as shown in Fig.1, 
assuming one-dimensional flow, and neglecting a 
convection term, the equation of motion of fluid flow in 
a circular pipe is written as follows 4) 

0
d
d

fppFBqq AA
t

  (1) 

Fig.1 Interlacing grid system 

The continuity equation is written as follows. 

0
d
d 2

Eqp
A
c

t
   (2)

Where, the matrices B, E and F are calculated from the 
finite element approximation. Elements of the vector p
and q are flow rate variable and pressure variable at the 
grid points 

T
downNup ,qq,,qq 11q   (3)

T
Nppp 21,p    (4)

p  is pressure input of OFEM model and pf is a 
function of flowrate at grid point. 

T
downup pp ,p    (5)

T
downfNffupf qpqpqpqp ,, 11fp  (6)

OFEM model can be written as follows by a state space 
equation4)

pBxAx
pptd

d    (7)

Where, the state variable vector is 

TTT pqx ,    (8)

When the measurement noise is considered, OFEM 
model can be written as follows by a state space 
equation4) 

GwpBxAx
pptd

d    (9)

vpmid Cx    (10)

Filer equation of Kalman Filter is written as follows. 

pBKAxCKIAx ppp midTT pnn ]1[ˆ][ˆ  (11)

Where, KT is Kalman Filter gain, P is solution of Riccati 
eqation.

1TT
T R CPCPCK    (12)

TTTT R GQGACPCPCPCPAP )][( 1  (13) 
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Where, Q is covariance vector of system noise, R is 
covariance of sensor noise 

)][][( TnnE wwQ    (14) 

)][( 2nvER    (15)

A block diagram for estimation is illustrated in Fig.1. 
Three sensors are attached at a pipe to pick up transient 
pressure at the upstream-end pup, the mid-point pmid, and 
the downstream-end pdown. In this study, sensor noise of 
pmid is considered as measurement noise. The steady 
state Kalman Filter is used to estimate the fluid 
transition. In OFEM model, after the observation time 
passes enough, the Kalman filter is settled to the filter of 
a fixed coefficient. Therefore, it only has to request the 
steady state Kalman filter gain, and the Riccati equation 
need not be solved in real time. 

Fig.2 Schematic diagram of a proposed Kalman filter 

COMPARISON WITH A METHOD OF 

CHSRACTERISTICS 

Fluid transients in a pipe were estimated off-line by 
using these experimental values in order to show the 
basic performance of the Kalman filter. Fig.2 shows 
experiment instrument. Test parameters are listed in 
Table 1. Working fluid was tap water of 16 degree 
Celsius. Three pressure sensors were attached at the 
pipe to pick up the transient pressures at upstream-end, 
the mid-point, and, the downstream-end. The 
experimental data is shown in Fig.4. By switching the 
spool valve, the upstream pressure was increased 
quickly. Because of pressure wave travelling along the 
pipe, the mid-point pressure and the downstream-end 
pressure showed oscillations.  

Fig.3 Experimental pipeline and measurement system 

Table1 Parameters for experiment and simulation 
Wave speed 1310 m/s 
Tank pressure 0.2 MPa 
Length of pipe 36 m 
Number of elements 5 
Diameter of pipe 10 mm 
Kinematic viscosity 1.05 cSt 
Density 999 kg/m3

Sampling time 2 ms 
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Fig.4 Experimental results of pressures pup, pmid and 
pdown used for the Kalman filter 
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Fig.6 Transient flow rates obtained by the Kalman  
filter and the method of characteristics 

Fig.5 shows the pressure at uniformly spaced grid points 
in a pipe and Fig.6 shows the flow rate at same points. 
For comparison, it was also simulated by the method of 
characteristics using the same data. The estimation 
results showed good agreement with the simulation 
results. Therefore, it was confirmed that the time spatial 
distributions of pressure and flow rate can be precisely 
estimated by the Kalman Filter. 

COMPARISON WITH FLOW RATE OBTAINED 

BY A FLOW METER 

Steady flow rate estimated by the Kalman filter was 
compared with the flow rate measured by flow meters in 
order to confirm the static characteristics of the Kalman 
Filter. Fig.6 shows experiment instrument. Test 
parameters are listed in Table 2. The pipe (1) was made 
of a stainless pipe of 20mm in inner-diameter and 
2.5mm thickness. The total length of estimated section 
was 3.2m. Working fluid was hydraulic oil of 30 degree 
Celsius. The upstream of the estimated section was 
connected the relief valve (2), pressure gauge (3) and 
pump unit (4). At first, the throttle valve (5) was closed. 
Then, the hydraulic fluid is discharged by the pump unit 
(4) and returns to a tank through a relief valve (3). 
Pressure was set as 4MPa by the relief valve (3). 
Secondly, when a throttle valve (5) was opened, the 
hydraulic oil is discharged from the pump unit (4), and 
back to tank through the pipe (1), throttle valve (5), and 
flow meter (6). Then, the pressure falls so that flow rate 
increases. Three pressure sensors were attached at the 
pipe to pick up the pressures at upstream-end, the 
mid-point, and, the downstream-end. In this experiment, 
distance of each sensor was 1.6m. In addition, a flow 
meter is attached to the down stream side of the throttle 
valve. Therefore, estimation value of the steady flow 
rate can be compared with the measured value.   

Table 2 Parameters for experiment and simulation 
Wave speed 1310 m/s 

Relief pressure 4 MPa 
Length of pipe 3.2 m 

Number of elements  5 
Diameter of pipe 20 mm 

Kinematic viscosity 40 cSt 
Density 850 kg/m3

Sampling time 1 ms 
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Fig.6 Experimental pipeline and measurement system 

Fig.7 shows an example of measured pressure. The 
pressure at mid-point pmid was shown. Pressure showed 
oscillations in this figure. In this instrument, noise of 
amplifier is 0.06MPa. Therefore, it was thought that 
these oscillations were pressure pulsations caused by a 
pump unit. Fig.8 shows the flow rate estimated by the 
Kalman filter, and Fig.9 shows the flow rate obtained by 
the flow meter. Estimated flow rate shows oscillation. 
The oscillation of measured flow rate was less than the 
oscillation of estimated flow rate. It was thought that a 
cause of the oscillation of estimated flow rate was the 
pressure pulsation. Therefore, flow rate pulsation was 
possible to be estimated by Kalman Filter. Estimation 
results of the Kalman filter show good agreement with 
the result of measurement.  
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Fig7 Measured pressure at mid-point 
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Fig.8 Estimated flow rate at mid point 
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Fig.9 Measured flow rate by flow meter 
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Fig.10 shows relation between estimated flow rate and 
measured flow rate. The horizontal axis shows the 
measured flow rate and the vertical axis shows the 
estimated flow rate. The oscillation of estimated flow 
rate influences the results. Moreover, the hysteresis was 
slightly confirmed. However, it was confirmed that the 
estimated result is good proportional to the measurement 
result.
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Fig.10 Relation between estimated flow rate and 
measured flow rate 

CONCLUSION 

In this paper, method of estimating fluid transients by 
combining a steady-state Kalman filter and an optimized 
finite element model of pipeline dynamics is discussed. 
Pressure and flow rate in a pipe are estimated from 
measured data of an experiment. As a result, it is 
confirmed that the estimation results of the Kalman filter 
show good agreement with the result of the remote 
measurement method for unsteady flow. 
In addition, Steady flow rate estimated by the Kalman 
filter was compared with the flow rate measured by flow 
meters. In this comparison, it was confirmed that the 
estimated result is proportional to the measurement 
result. 
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ABSTRACT

In establishing a simulation program for hydraulic valves, it is always a big obstacle to incorporate correctly flow forces 
on valve body into the simulation program. This paper suggests a method to estimate flow forces on spool in 
proportional directional/flow control valves with spool structure. Furthermore, suggests a way to obtain simulation 
program for spool valves, in which the flow force acting on the spool is fully reflected.

KEY WORDS

Spool Valve, Flow Force, Proportional Directional/Flow Control 

INTRODUCTION

Fluid force in spool type hydraulic valves is one of 
major physical parameters that have great influence on 
characteristics of the valves. Although spool valves 
have been used for a long time, researches on the fluid 
force in spool valves are very rare. There were 
researches on flow force analysis based on momentum 
principle[1], flow force compensation methods[2, 3],
and computational fluid dynamics analysis for 
evaluating thrust force on spools[4, 5, 6]. However, 
research reports on precise measuring/identification of
flow force by sensing electric signals in electrically 
controlled spool valves has not to be found in reference 
surveys. So, the authors develop a method of precisely 

identifying the flow force on spools by an experimental 
process in this study.
In the first stage of this study, the authors devise a
method for identifying flow force in spool type 
proportional directional/flow control valves with spool 
position feedback. Finally, a simulation program for the 
valve performance analysis reflecting the flow force 
acting on the spool is suggested.

FLOW FORCE ON SPOOL(AN APPROXIMATE 

EQUATION BASED ON MOMENTUM 

PRINCIPLE)

Fig. 1 shows the flow pattern in a spool type hydraulic 
valve. The lower part of the figure describes the flow 
situation in the 1C chamber of the upper part of the 
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figure, where the fluid flow into the chamber with the 
angle of 90 and flow out with the angle of to the 
spool axis.

Fig. 1 Flow force in spool valve chamber

Now we shall consider a spool type hydraulic valve with 
matched and symmetrical control orifices. The flow force 
f to the spool axial direction is represented as

2 1

2 1

2 cos ( )

4 ( )( )cos ( ) (1)
2d s

s t

dQf Qv l l
dt

p dQC A x l l
dt

f f

In Eq. (1), dC is flow coefficient, p is pressure 
drop in the valve(sum of  pressure difference in each 
control orifice), sx is spool displacement, ( )sA x is
opening area of the orifices, sf is steady state flow 
force, and tf is unsteady state flow force.

MODELING OF THE VALVE

Short description on the object valve

Fig. 2 shows the object valve for study, the electronic 
amplifier and the inside shape of the valve. The valve is 
a spool type proportional directional/flow control valves 
with spool position feedback, and with nominal flow 16 
L/min at p = 10 bar. The maximum operating 
pressure of the valve is 315 bar.

The control orifices of the valve are formed by the 
circular grooves shown in Fig. 2(b), thereby the flow vs. 
displacement relation of the valve show a nonlinear 

(a) the valve and amp. for test

(b) shape of the valve inside

Fig. 2 The valve and amp.

characteristics.
Mathematical model of the valve

Fig. 3 shows the block diagram for describing the 

operation of the valve/amplifier assembly. The transfer

function of the valve/amplifier assembly is written as

( ) ( ) ( )( ) ( ) (2)
1 ( ) ( ) ( )

( ) ( )
1 ( ) ( ) ( )

a c sol s
s

a pos c sol s

s

a pos c sol s

HK G s G s G sX s R s
K K G s G s G s

G s F s
K K G s G s G s
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SIMULATION AND EXPERIMENT

Experimental setup and simulation program

Fig. 4 shows the setup for experiments of the 
steady-state characteristics of the valve.
The simulation program displayed in Fig. 5 for the 
analyses of the valve is composed on a commercialized 
software package AMESim , where the characteristics 
of the proportional solenoid shown in Fig. 6 is

Fig. 4 Test bench of the experiment

Fig. 6 Steady state characteristics of the proportional 
solenoid (hysteresis filtered)

Fig. 3 Block diagram of the spool valve

Fig.5 Simulation program(AMESim-based) reflecting the steady-state flow force by Eq. (1)
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reflected with a data file obtained in a preliminary test.
For the control of the spool position, a PI controller with 
gains of 6pK and 20iK was implemented in 
both the experiment and the simulation.

Steady state characteristics of the valve

Experiments and simulations of steady-state 
characteristics were performed using the experimental 
setup and the simulation program described above. The 
results of experiments and simulations are shown in Fig. 
7 ~ Fig. 10.

Fig. 7 Steady-state response of ( )sx t , ( )sx t
under the variation of reference ( )r t

Fig. 8 Comparison of u and u under 0p

Fig. 7 shows the steady-state response of spool 
displacement sx (experiment) and sx (simulation) 
under 100p and the experimental time of 60s, 
which exhibits good control(input following) 
performance of sx , and good agreement between sx
and sx .

Fig. 9 Effect of p on u : experiment ( hysteresis 
filtered )

* 4 ( )( ) cos
2s d s

p
f C A x

Fig. 10 Effect of p on u : simulation using eq. (1)
with 0.7dC , 69
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In Fig. 8, control input u (experiment) and
u (simulation) under the control shown in Fig. 7 with

0p (therefore no fluid flow and no flow force 
condition) are compared. u and u in Fig.8 appeared 
to be in a good agreement.
Fig. 9 and Fig. 10 shows u and u under the control 
action in Fig. 7, where u and u do not agree well 
with each other except the case of 0p bar.

REFLECTING THE STEADY STATE FLOW 

FORCE IN THE SIMULATION PROGRAM

The authors suggest an algorithm for identifying the 
steady state flow force on the spool in a spool type 
proportional control valve with spool position feedback. 
The suggested algorithm is shown as a block diagram 
form in Fig. 11

sf identifier

sf

sf
action using a PI controller, so as to make the error 
u - u to be zero, and compute flow force sf that 
identifies sf precisely.

sf the following 
equations. 

( ) ( )pe ieK K u u K u u dt             (3)

4 ( )( )cos
2s d s
pf K C A x              (4)

Fig. 12 shows an AMESim-based simulation program 
for identifying sf using the algorithm depicted in Fig. 
7 as a block diagram. In fig. 12, the relationships 
between u and r (data shown in Fig. 9) depending on 
constant p values are reflected as a data file.
Fig. 13 presents good agreements between control input 
u (experimental) and u (identified) under ramp input 
r shown in Fig. 7, and various p values. This 
result(very good agreement between u and u ) is the 
evidence of excellent identification of sf in the 
simulation.
Fig. 14 shows the identified results of steady state flow 
force under various p values together with spring 
force in the valve.

Fig. 11 Block diagram to identify sf

Fig. 12 Simulation program(AMESim-based) including sf identifier 
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Fig. 13 u and u under various p (hysteresis 
filtered)

Fig. 14 Identified sf under various p and spring 
Force

CONCLUSIONS

In this paper, the authors suggested a method of flow 
force identification in spool type proportional 
directional/flow control valves with spool position 
feedback. It was ascertained that the suggested 
identification method gives very precise identified
results on steady state flow force.
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ABSTRACT 
 
This paper proposed a new method for evaluation of cavitation erosion in hydraulics based on CFD (Computational 
Fluid Dynamics) and experiment. A simulation model is made, which has same geometry of a submerged jet experiment 
system. According to the analysis of flow and pressure distribution characteristics from CFD and the erosion map in 
experiment, it is found that the erosion has close relationship with the distribution of cavitation number  which is 
calculated from flow and pressure. The relation makes possible that with only calculating the distribution of  on 
surface of specimen by CFD, the erosion risk can be evaluated. Erosion map for different jet distance are predicted 
with the method, and they fit well with erosion experiment results. 

 
 

KEY WORDS 
 

Cavitation, Cavitation Number, CFD, Erosion, Hydraulic Valve 
 
 
 

NOMENCLATURE 
 

L : [mm] ... Stand-off distance 
p : [MPa] ... Gauge pressure 
pd : [MPa] ... Downstream gauge pressure 
pu : [MPa] ... Upstream gauge pressure 
pv : [MPa] ... Vapor gauge pressure 
t : [hr] ... Experiment time 
u : [m/s] ... Velocity magnitude 

 : [kg/m^3] ... Density 
 : ... Cavitation number 

= (p- pv)/(1/2 u^2) 
 

INTRODUCTION 
 

 Cavitation is a serious problem which causes noise, 
vibration, performance decline and cavitation erosion in 
hydraulic system [1]. The erosion is a kind of fatigue 
damage, it is difficult to predict before hand, and needs 
long time to find out in practice. An effective method 
which can predict the erosion risk in design stage is quite 
important. 

The most popular reason of erosion in hydraulic 
components is impingement of cavitating jet, which is 
generated when the flow pass throw an orifice with large 
pressure drop. Lichtarowicz [2-4] proposed a submerged 
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cavitating jet apparatus to evaluate erosion of materials. 
Many researchers had used similar type of experiment 
apparatus to study the influence of various flow 
parameters on erosion. For example, Yamaguchi and 
Shimizu [5-10] reported the influence of pressure, 
temperature, stand-off distance, nozzle design etc. 
Kazama and their colleagues [11-14] reported the 
relationship between erosion and Liquid type, down 
stream pressure, nozzle outlet geometry, impinged 
surface geometry etc. 

In other field, Sato et al [15-17] reported the relation 
between the erosion and cavitation number   around 
screw blade and cylinder. 
 In this paper, authors try to develop a method to predict 
the erosion in hydraulic components according to the 
analysis of flow characteristics with CFD. 
 

EXPERIMENT 
 

Test Method 
The apparatus and test procedure used for this research 

are referred to ASTM standards G134-95 [18], with only 
some difference in size and test conditions. And detailed 
experiment condition can be referred to the paper of 
Kazama et al [19]. 
Experimental Apparatus 

The hydraulic circuit for experiment is shown in Fig.1. 
The pump 2 is driven by an electric motor 1 to provide 
high pressured oil to the test chamber. A cooling system 
is set to keep the system temperature in constant, a filter 
with nominal filtration size of 3 m is used to remove 
contaminants from the test liquid. Pressure sensors at in 
and out ports of chamber, flow sensor, oil temperature 
sensor are installed to monitor the experiment state. 
The schematic of test chamber is shown in Fig.2. The 

steel chamber included a long-orifice nozzle, its holder, 
the specimen, holder, mount, and spacers. The inner 

chamber is cylindrical type with diameter of 170 mm. 
Two transparent windows are provided at both sides of 
the chamber, so that the cavitating jet can be observed 
and photographed. The nozzle diameter is 1.0 mm and its 
length is 4.0 mm. The nozzle is bored cylindrically; its 
edge is machined carefully, so to keep the edge in sharp. 
Specimen  
 The specimen diameter d is 15 mm. it is made of 
aluminum alloy designated as A5056 by Japanese 
Industrial Standards (JIS). The average surface 
roughness is less than 0.8 m. The physical and 
mechanical properties are as follow: Vickers hardness 
91.7 Hv5, breaking strength 313 MPa, tensile strength 
217 MPa, elongation 28.7 %. The chemical composition 
was Cr: 0.06 %, Cu: 0.01 %, Fe: 0.11 %, Mg: 4.8 %, Mn: 
0.06 %, Si: 0.04 % and Zn: 0.01 %. 
Experimental Conditions 
 The experiment condition is shown as Table 1. The 
stand-off distance L is defined as the distance from the 
edge of the nozzle outlet to the specimen surface, as 
indicated in Fig.2. L can be set in range of L = 10 30 
mm by  adjusting of annular spacers. 
 
 
 
 

Figure 1 Hydraulic Circuit of Experimental 

1: electric motor, 2: pomp, 3: flow sensor, 4: upstream 
pressure gauge, 5: downstream pressure gauge, 6: 
temperature, 7: throttle valve, 8: relief valve, 9: cooler, 
10: filter 

Figure 2 Schematic of Test Chamber 

Window Nozzle Holders 
pu 

pd 

Specimen 

Mount 
Spacer 

L 

Table 1 Experiment and Analysis Conditions 
Test Liquid Mineral Oil VG46 
Up-Steram Pressure [MPa] 10 (gauge) 
Down-Steram Pressure [MPa] 0.1 (gauge) 
Stand-off Distance [mm] 10  30 
Temperature [ ] 50 1 
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ANALYSIS 
 

Analysis Method 
 Fig.3 shows the 3-D simulation model which has same 
geometry with  submerged jet experiment chamber, 
shown in Fig.2. CFD is carried out with STAR-CD. 
Analysis Conditions 

The analysis condition is same with the experiment 
shown in Table 2. The assumption in CFD is steady flow, 
no bubble exists in fluid, and the turbulent model is k-
high Reynolds number. 

The assumption for analysis is obviously different from 
the experiment state, because in experiment the bubble is 
always full of chamber. But since the erosion is 
integration effect of time, the steady analysis can provide 
more essential flow characteristics in apparatus. And in 
practice, the steady analysis is easier to be applied in 
engineering design. 
 

EVALUATION METHOD 
 

Relation of Erosion and Flow Characteristics  
 Fig. 4 shows the CFD result when the stand-off distance 
L = 25 mm, the contour map shows velocity, contour line 
shows pressure distribution. Fig.5 shows a photograph of 
the specimen surface after the experiment in same 
condition with Fig.4, the experiment time t = 12 h. The 
specimen is eroded as a ring-like figure. Fig.6 shows the 
average depth to radius of specimen. 
 To explain the reason of the ring-like figure, we can 
find the relation between the erosion and flow 
characteristics. 

At the point , says the center of the jet flow, there is 
nearly no erosion in experiment photo, and from Fig.4, 
the pressure at the point is quite large, and velocity is 

small. It can be explained as that at this point, since the 
pressure is too large, bubble has less opportunity to come 
near the wall, and so less erosion appear there. 
 At the point , says the edge of the specimen, there is 
also less erosion, and from Fig.4, the pressure there is  
small, and velocity is high. It can be explained as that 
when the pressure is too small, it has not enough power 
to crash the bubble, and quick flow bring the bubble 
leave away, so even there maybe a lot of bubbles around 
the point but it not create damage there. 
 At the point , says the point at the maximum eroded 
ring, where pressure and velocity are in middle. Bubbles 
may have more opportunity to come near to the wall and 

pd : Down Stream 

pu : Up Stream 

Figure 3 3D Analysis Model 

Figure 4 Relationships of Pressure and 
Velocity Magnitude on Specimen Surface 

Figure 5 Specimen’s Surface (L = 25 mm, t = 12 h) 

Figure 6 Cross Section of Eroded Specimen 
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be crashed there, so they create large erosion. 
From the explanation above, it can be known that the 

erosion has close relation with the pressure and velocity 
near the surface of the specimen, and so it is assumed 
that the erosion under submerged jet may have same kind 
of relation between the erosion and cavitation number 

 which has appeared in screw blade[15].  
Cavitation Number and Impact ratio 

The cavitation number  is defined in following 
equation: 
 

22/1 u
pp v

ρ
σ

∗
−

=   (1) 

 
 p: pressure at any point; u: velocity at same point; pv : 
liquid vapor pressure; : density of fluid. 
 The cavitation number  at any point can be calculated 
by bringing the pressure and velocity which are get from 
CFD to Eq. (1). Fig. 7 shows the distribution  near 
the surface of the specimen in above experiment. And the 
pink line with triangle mark in Fig.8 shows the cavitation 
number  to radius of specimen. 
 It can be noticed in Fig.5, that different depth shown in 
specimen surface actually means the different impact 
which is received at the position, so according to the 
depth of erosion, the impact force can be indirectly 
obtained. 
 The impact ratio is defined for expressing the damage 
power of erosion, and calculated in following equation 
 

Figure 7 Cavitation Number  Distribution on 
Specimen Surface (L = 25 mm) 

10 5 0 

Figure 9 Cavitation Number  vs. Impact Ratio 

Figure 8 Cavitation Number , Impact Ratio vs. 
Radius of Specimen  

Figure 10 Distribution of Erosion 
Possibility 

1 0 0.5 
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deepest
rdepthIe )(

=   (2) 

 
Bring the data in Fig.6 to Eq. (2), the impact ratio at 

any radius is obtained and shown as the blue line with 
dot in Fig.8. 
Erosion Index 
 According to Fig.8, to take the cavitation number  at 
any radius position as X axis, and impact ratio at the 
position as Y axis, the relation between the impact ratio 
and can be shown as Fig.9. The curve is defined as 
E-Index (Erosion Index), which have similar style with 
the impulsive acceleration appeared in screw blade. 

Applying the E-index to  distribution in Fig.7, the 
E-index distribution can be obtained as Fig. 10, when the 
color near to red, it means high possibility of erosion, 
when it near to violet, it means low possibility. 

By comparing the Fig.5 and Fig.10, it can be found that 
both the experiment and E-index evaluation shows same 
kind of ring-like figure. 
 

EVALUATION OF EROSION 
 

According to the paper of Kazama [11], the erosion 
under submerged jet has relation with the stand-off 
distance shown in Fig.11. When  L is less than 20mm, 
the erosion is quite small, when L near to 25, the erosion 
become quite large, and when L get further increase as 
over 30 mm, the erosion will turn weak.  
 In order to verify the applicability of the proposed 
erosion evaluation method, three point (a): L = 10 mm, 
(b): L = 25 mm, (c): L = 30 mm are chosen out, at which 
both the analysis and experiment are carried out. Fig.12 
shows comparisons of pictures from experiment, and 
E-index results from analysis. 
 In analysis result, the violet color means low erosion 
possibility; and in the experiment photograph at left, the 
dark black part is original color of the specimen, which 
also means less erosion appeared there.   

In Fig.12 (a), there are two violet rings in analysis 
results, and there are also two black rings in experiment 
photo. The small green ring near the center of the 
analysis fits the erosion mark in the center of specimen, 
and the blue ring in analysis fits the white ring of 
experiment. According to the color bar at the bottom of 
Fig.12, the blue is near the violet, which means the 
erosion is not so large, and the experiment also shows 
same fact. 

In analysis result of Fig.12 (b), the center part is violet 
color, and around of it is bright orange, which means 
high erosion possibility. The experiment also shows the 
same distribution of erosion.  
 In analysis result of Fig.12 (c), it has a larger violet 
center than that when L = 25 mm, and the color around 

Figure 12 Eroded Regions on Specimen  
(Left Experiment, Right Analysis) 

Safety                Danger 

(a) L = 10 mm 

(c) L = 30 mm 

(b) L = 25 mm 

Figure 11 Mass Loss vs. Stand-off Distance L 
from Muroran Institute of Technology [11] 

(a) 

(b) 

(c) 
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the center turn to light green, and that means the erosion 
will be less than that at L = 25 mm, but larger than L = 
10 mm. The experiment photo also shows erosion is 
larger than L=10, but smaller L=25 
 From above comparisons, it can be known, that E-index   
method can well predict the risk map of erosion. But 
since bubble movement is not considered in analysis, the 
erosion mark position and size maybe a little different 
between analysis and experiment. 
 

CONCLUSION 
 

This paper proposed an evaluation method for hydraulic 
components in submerged jet. Both CFD and erosion 
experiment are carried out for same experiment device, 
and it is found that: 

1) Erosion map and the eroded depth have close 
relationship with the cavitation number distribution near 
the surface of the specimen. 
 2) The E-Index (Erosion Index) is defined, which takes 
cavitation number obtained from CFD as X-axis, and 
erosion impact ratio from experiment as Y-axis. It can be 
used to translate the CFD result to erosion risk 
evaluation map. 

3) The evaluation method is applied to evaluate the 
change of erosion with different stand-off distance of the 
submerged jet. The results show predicted erosion map is 
well agreed with the real erosion photo from 
experiments.    
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ABSTRACT 

The effects of operating conditions on the temperatures of a cam-ring and the side-plates of a hydraulic vane pump were 
examined. Four thermocouples were embedded in the side-plate and four were implanted in the cam-ring. 
Mineral-oil-type and water-glycol-type hydraulic oils with VG32 were used as the test fluids. The maximum discharge 
pressure was 20 MPa and the maximum rotational speed was 25 rps. The inlet oil temperature was specified at 30 to 50°C. 
At pressures ranging from the atmospheric pressure to the maximum discharge pressure, the temperature changes were 
monitored. As the discharge pressure increased, the temperatures of both the cam-ring and the side-plates increased. The 
temperature change of the cam-ring at the suction port was largest. The temperature increase with the water-glycol-type 
oil was markedly less than that observed with the mineral oil. 

KEY WORDS  

Fluid power, Tribology, Vane pump, Temperature, Experiment 

NOMENCLATURE 

N : Rotational speed 
pd : Discharge pressure 
t : Temperature 
tin : Inlet oil temperature 

t : Temperature rise or change = t tin

Subscripts 
1, 2, 3, 4 : Temperature measuring points on the 
   side-plate 
5, 6, 7, 8 : Temperature measuring points in the 
   cam-ring 

INTRODUCTION 

Hydraulic vane pumps [1, 2] and motors are used in 
many industrial applications, such as workshops and 
automobiles. The pumps and motors are expected to 
operate under medium pressure and a wide range of 
speed conditions, and to have a long and useful life while 
maintaining high reliability and high efficiency. Many 
researchers and engineers have studied and revealed the 
characteristics of vane pumps and motors from the 
viewpoints of, for example, reduction of frictional torque 
[3] and the jumping behavior of the vanes [4]. 
In some applications, the size is enforced to be compact, 
which often results in a higher operating pressure. Higher 
power density forces severe operation at the tribological 
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parts of the pumps and motors, resulting in heat 
generation and seizure. The need exists for a tool of 
optimum design and precise estimation including the 
influence of heat generation and thermal lubrication. 
Wilson [5] pointed out that the optimum clearance based 
on isothermal theory is insufficient to design 
displacement pumps, addressing the importance of the 
thermal effects. As regards axial piston pumps, 
Yamaguchi et al. [6] experimentally investigated the 
effects of operation conditions and working fluids on the 
performance and temperature of a test pump in which the 
thermocouples were installed in the cylinder block. 
Ivantysynova [7] and Olems [8] measured the 
temperature distributions around the cylinder bores using 
a test pump with thermocouples installed in the cylinder 
block. In that study, they obtained the temperature 
distributions by the experiment and compared with the 
thermohydrodynamic lubrication (THL) analysis, 
however, the specification of the test pumps and the 
condition of the experiment differed from those of actual 
hydraulic pump operation. 
Kazama et al. [9] examined the thermohydrodynamic 
performance of a slipper model, including the effect of 
the changes in physical properties of fluids as functions 
of temperature and pressure. Later, he and his colleagues 
experimentally measured the temperature of the swash 
plate, the cylinder block, and the valve plate of the piston 
pumps [10, 11] under actual operating conditions. 
Furthermore, Kazama and Oguma [12] measured the 
temperature of the side-plate of a compact gear pump 
under the actual operating conditions. 
In this report, the temperatures of the cam-ring and the 
side-plate of a compact vane pump were measured. The 
results were compared and discussed. 

EXPERIMENTAL APPARATUS AND METHODS 

The hydraulic circuit of the test rig [10 12] consisted of 
test pumps, a three-phase induction motor (7.5 kW), an 
electric inverter, a strain-gauge-type torque sensor (20 
N·m), flow-rate meter (4 kl/h), a pressure transducer, 
thermistors, thermocouples, valves, an oil cooler, and a 
reservoir. The pump tested was a single-stage vane pump 
with a theoretical discharge volume of 9.4 mL/rev, a 
maximum working pressure of 21 MPa, and a rated 
rotational speed of 13 to 30 rps. 
The locations of the thermocouples installed in the 
side-plate and the cam-ring are illustrated in Figs. 1 and 2, 
respectively and were numbered 1 through 8. 
Thermocouples 1-4 were embedded close to at the 
suction port, the delivery port, the bottom-dead center, 
and the top-dead center of the side-plate; thermocouples 
5-8 were embedded close to the delivery port, 
bottom-dead center, suction port, and top-dead center of 
the cam-ring, respectively. 
The induction motor drove the test pump through the 
torque sensor. Thermistors were placed at the pump inlet 

and the flow meters were installed in the discharge line 
and the drain line. The test oils were mineral-oil-type 
hydraulic fluids with the viscosity grade (ISO VG) 32 
(designated as MO) as well as a water–glycol-type 
hydraulic fluid (designated as WG) with ISO VG32 
(50% water content). The fluid densities of MO and WG 
were 869 and 1069 kg/m3, and the kinematic viscosities 
at 40/100°C of MO and WG were 33/5.5 and 33/7.4 
mm2/s, respectively. 
The experiment was conducted as follows: the oil 
temperature at the test pump inlet and the rotational 
speed of the pump were set; the discharge pressure was 
increased from atmospheric pressure to 20 MPa (or the 
feasible maximum pressure) by 1 MPa, then decreased 
from the maximum pressure to atmospheric pressure by 1 
MPa. At each setting, the pressure, discharge flow-rate, 
torque, and temperatures were measured. 

RESULTS AND DISCUSSION 

Experiment for mineral-oil-type hydraulic oil 

Figures 3 and 4 show the effect of the discharge pressure 
pd on the temperature change t ( = t tin ) at each 
measurement point (Nos. 1 to 8), where the locations of 
Nos. 1 to 4 were in the side-plate and the locations of Nos. 
5 to 8 were in the cam-ring. The test oil was the 
mineral-oil-type hydraulic oil with VG32, the rotational 
speed (target level) N was 25 s 1, and the oil temperature 
at the inlet of the pump (target level) tin was 40 C. The 
individual variability of the temperature was measured 
by each sensor, and the deviation of the inlet temperature 
tin and the temperatures t1 through t8 were compensated 
by the standard thermometer. 

Figure 1 Location of thermocouples installed in the 
side-plate 

Figure 2 Location of thermocouples installed in the 
cam-ring 
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As the pressure pd increased, the temperature change t
at all measurement points rose monotonically. This is 
mainly because the contacting loads between the tip of 
the vanes and the inner surface of the cam-ring as well as 
the side surface of the vanes and the inner surface of the 
side-plates increased by the back pressures introducing 
the discharge pressure. The heat generation H was caused 
by friction of these sliding and mating parts, which was 
basically given by 

(1) 

where f is the friction coefficient, p is the contact 
pressure, and v is the sliding speed. 

Figure 3 Effects of discharge pressure pd on temperature 
change t of the side-plate (MO, N = 25 s 1, tin = 40 C)

Figure 4 Effects of discharge pressure pd on temperature  
change t of the cam-ring (MO, N = 25 s 1, tin = 40 C)

The increases in t of the cam-ring were markedly larger 
than the increases in t of the side-plate as shown in Fig. 
4. The rise t close to the suction port of the cam-ring 
(No. 7) was highest, and the rise t close to the delivery 
port of the cam-ring (No. 5) was lowest. The difference 
between t5 and t7 became about 23 C at pd = 20 MPa. 
In contrast, for the side-plate (in Fig. 3), the rises t of 
Nos. 1 to 4 were low, and the differences in t between 

t7 and t5 were up to about 2 C at the largest. 
The vane tips were lubricated elastohydrodynamically 
and the lifting force was generated, which resulted in 
hydrodynamic lift and separation force between the vane 
and the cam-ring. To avoid separation, the back pressure, 
which was proportionally increased with the discharge 
pressure, acted on the vanes. The contact pressure of the 
vane tip close to the suction port was large and the 
pressure to the delivery port was small. Therefore, the 
temperature change t of No. 7 was high, and t of No. 5 
was low. 
Repeatability of the measured temperatures was 
examined in Figure 5, where t3 and t6 were the 
temperatures at the bottom-dead-center of the side-plate 
and at that of the cam-ring, respectively. The 
experimental conditions were the same as the conditions 
of Figures 3 and 4. The upward arrows imply the data of 
the increase process of the discharge pressure, and the 
downward arrows imply the data of the decrease process. 
Based on these results, one can see that the repeatability 
was good.  
Figure 6 illustrates the effects of the rotational speed N
on temperature change t; the temperature of the mineral 
oil under the inlet, tin, was 40 C. The temperature change 

t at No. 7 of the cam-ring was shown because this value 
of t was highest. Under the lower speed conditions (N =  

Figure 5 Repeatability of measured temperatures t3 and t6

(MO, N = 25 s 1, tin = 40 C)
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15 and 20 s 1) the data was missing because of the 
limitation of the specification of the electric 
inverter-driven test rig. The rotational speed N had less 
affected the temperature difference t7 in this 
experiment. 
Figures 7 and 8 depict the effects of inlet oil temperature 
tin on the temperature change t of No. 5 at the lowest 
temperature difference, and No. 7 at highest temperature 
difference of the cam-ring under the conditions of MO 
and N = 25 s 1. The temperature changes t of Nos. 5 and 
7 similarly increased with increasing the discharge 
pressure pd. The value of t of tin = 40 C was highest, and 

t of tin = 30 C was lowest; however, the differences in 
t were very small, and therefore, not very significant. 

The frictionally heating would be increased as the sliding 
speed increased, but the discharge flow rate was also 
increased, which contributed to transforming the heat 
and cooling of the sliding parts of the pump. 

Experiment for water-glycol-type hydraulic oil 

Figures 9 and 10 show the effect of the discharge 
pressure pd on t of the side-plate and the cam-ring, 
respectively, using the water-glycol-type hydraulic oil 
with VG32. The experimental conditions were a 
rotational speed N of 25 s 1 and an inlet oil temperature tin
of 40 C. Due to low lubricity caused by the use of 
water-glycol-type oil (WG), the experimental condition 
was limited up to the discharge pressure pd of 10 MPa. 
Under these experimental conditions, the temperature 
change t was less pronounced. It is noteworthy that 
using the water-glycol hydraulic oil from atmospheric 
pressure to the maximum discharge pressure pd=10 MPa, 
the temperature t7 at No. 7 elevated only 5°C from the 
inlet temperature tin. In particular, the values of t of the 
cam-ring were smaller and the differences between t of 
the side-plate and the cam-ring were indistinct. 

Figure 6 Effects of the rotational speed N on temperature 
change t at No. 7 of the cam-ring (MO, tin = 40 C)

Figure 11 portrays the effects of the rotational speed N on 
t at No. 7. At higher speed N = 25 s 1, the increase in t

was highest, but the differences in t were slight. 
Figure 12 shows the effects of the inlet oil temperature tin.
As with the mineral oil, the temperature change t in the 
case of the temperature tin = 40 C was highest. In 
particular, t of tin = 30 C was lowest, being 
approximately less than 1 C in the range of pd  10 MPa. 

Figure 7 Effects of inlet oil temperature tin on t at No. 5 
of the cam-ring (MO, N = 25 s 1)

Figure 8 Effects of inlet oil temperature tin on t at No. 7 
of the cam-ring (MO, N = 25 s 1)
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Figures 13 and 14 portray the comparison of temperature 
changes t at Nos. 5 and 7 of the cam-ring for mineral 
oils (MO) and water-glycol oils (WG). The temperature 
increase in t of WG was markedly less than that in t of 
MO for both the delivery and suction ports. 

CONCLUDING REMARKS 

Using a small hydraulic vane pump, the temperatures of 
the cam-ring and the side-plates were measured. The 
hydraulic fluid type, inlet fluid temperature, discharge 
pressure, and rotational speed were selected as the 
parameters, and the thermal lubrication characteristics of 

Figure 9 Effects of discharge pressure pd and on t of the 
side-plate (WG, N = 25 s 1, tin = 40 C)

Figure 10 Effects of discharge pressure pd and on t of 
the cam-ring (WG, N = 25 s 1, tin = 40 C)

the pumps were examined experimentally under field 
operating conditions.  
The temperatures of the cam-ring and the side-plates 
increased almost linearly as the discharge pressure 
increased. The temperature rise of the cam-ring was 
larger than the rise of the side plates. The temperature 
greatly increased at the suction port of the cam-ring, 
while the temperature did not exhibit a distinguished 
increase at the delivery port of the cam-ring. The 
differences in the temperature changes of the side-plates 
were slight. 
The temperatures with the water-glycol-type oil were 
elevated less than the temperatures observed in the 

Figure 11 Effects of rotational speed N on t at No. 7 of 
the cam-ring (WG, tin = 40 C)

Figure 12 Effects of inlet oil temperature tin on t at No. 7 
of the cam-ring (WG, N = 25 s 1)
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experimental setup with the mineral oil. The differences 
in the temperature changes of the cam-ring as well as the 
side-plates were insignificant. 
In this experiment, the effects of the rotational speed and 
the inlet oil temperature on the sliding surface 
temperatures were unclear. 
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Figure 13 Comparison of t at No. 5 of the cam-ring for 
mineral oil (MO) and water-glycol oil (WG) (tin = 40 C,
N = 25 s 1)

Figure 14 Comparison of t at No. 7 of the cam-ring for 
mineral oil (MO) and water-glycol oil (WG) (tin = 40 C,
N = 25 s 1)
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ABSTRACT 

In this paper, an adaptive PID sliding mode controller is proposed for the position control of electro-hydrostatic 
actuator(EHA) systems with  system uncertainties and saturation in the motor.  An EHA prototype is developed and 
system modeling and parameter identification are executed.  Then, adaptive PID sliding mode controller and optimal 
anti-windup PID controller are designed and the performance and robustness of the two control systems are compared 
by experiment. It was found that the adaptive PID sliding mode control system has better performance and is more 
robust to system uncertainties than the optimal anti-windup PID control system. 

KEY WORDS

Robust control, Electro-Hydrostatic Actuator, Position control 

NOMENCLATURE  

aQ bQ  :  pump in/out flows  

ap bp  :  pump in/out pressures  

1Q 2Q  :  cylinder in/out flows  

p  :  angular velocity  

pipep  :  pressure drop  
B  :  viscous friction coefficient  

e  :  effective bulk modulus  

INTRODUCTION

Recently, lots of hydraulic servo systems have been 
replaced to electric motor driven systems to overcome 
the problems of traditional hydraulic servo systems such 
as oil leakage, maintenance and complex pipe laying. In 
spite of these drawbacks, hydraulic systems are still used 
in the fields where large force and high power are 
required. In order to solve these drawbacks of hydraulic 
systems, electro- hydrostatic actuator (EHA) systems are 
in the process of development for industrial use. The 
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EHA system is a kind of compactly high power actuator 
module through the integration of electric motor, pump, 
accumulator and oil tank in a component. Therefore, 
EHA systems do not need complex pipe lines. Moreover, 
EHA systems are environment- friendly driving systems 
which can realize no oil leakage. Also, energy efficiency 
of EHA systems is extremely high because they can 
supply the only necessary energy in the plant. 
Hydraulic servo systems, in general, have some system 

uncertainties such as internal leak and friction in the 
cylinder and pump. These uncertainties also affect to the 
performance of the position control system for EHA. On 
the other hands, EHA systems have the closed loop 
structure which can use relatively a little working fluid. 
Therefore, the performance of EHA systems can be 
sensitive to the variation of system parameters of the 
working fluid such as the effective bulk modulus and the 
viscosity due to the variation of circumstance 
environment. 
In order to obtain the desirable performance of EHA 

systems, a number of control strategies have been 
investigated in the literature including inner and outer 
loop controllers based on the PID control scheme[1][2], 
classic quantitative feedback theory (QFT)[3], sliding 
mode controller with variable structure filter[4]. S. 
Habibi et. al. proposed PID controller with inner-outer 
loop structure for position control of EHA to compensate 
the dead zone of the electric motor which occurs when 
the rotational direction of the electric motor is changed 
[2][3]. Uncertainties of the position control system for 
EHA can be compensated by selecting the control gains 
of the inner-loop which controls the velocity of the 
electric motor as large as possible. However, the inner 
loop PID controller cannot compensate system 
uncertainties effectively because the magnitude of the 
control gains has a limitation physically. The outer loop 
PID controller for the position control has no desired 
robustness to system uncertainties. 
In addition, E. Sampson et. al. applied a sliding mode 

controller to the variable structure filter for the robust 
position control of EHA systems[4]. The variable 
structure filter has been designed to estimate the states of 
a system. However, this control scheme has complex 
structure because both estimator and controller are 
designed and implemented respectively. Also, it is 
unpractical to constitute the bypass for the high 
frequency loop to transfer states estimated by the 
variable structure filter to the sliding mode controller.  
The problem of the saturation in the electric motor has 

not been considered in the previous research. Therefore, 
in the paper, an EHA prototype was developed in order 
to apply it in industrial fields such as servo press, 
steering gear, injection molding machine and etc. The 
experiment was executed in order to verify the control 
performance of the developed EHA prototype with PID 
controller. From experimental results, it was found that 
overshoot occurred due to the saturation in the electric 

motor when fast response is required. 
In this paper, an adaptive PID sliding mode control 

scheme is applied for the position control of EHA 
systems which can achieve desirable performance and 
robustness. Also, an optimal anti-windup PID controller 
was designed and implemented in order to compare with 
the adaptive PID sliding mode controller. 
This paper is organized as follows: Composition and 

details of the position control test rig of an EHA 
prototype are included in section 2. System modeling 
and parameter identification of the EHA system are 
presented in Section 3. In Section 4, position controllers 
for the EHA system using traditional anti-windup PID 
control scheme and adaptive PID sliding mode control 
scheme are presented. Section 5 presents comparative 
results of the experimental tests executed on the position 
control test rig of EHA applying both anti-windup and 
adaptive PID sliding mode control schemes. Finally, 
conclusions are provided in Section 6. 

EXPERIMENTAL SETUP OF 

ELECTRO-HYDROSTATIC ACTUATOR 

PROTOTYPE 

The EHA system consists of electric motor, hydraulic 
pump, hydraulic cylinder, accumulator, check valves and 
relief valves for safety. The cylinder is controlled by the 
electric motor which is directly connected to the 
hydraulic pump. The direction change of the cylinder 
depends on the rotation direction of the electric motor. 
Also, an electric motor installed in the EHA system 
controls the flow rate and pressure of the working fluid 
by regulating the velocity and torque of the motor. 
In this paper, an EHA prototype is developed which can 

be used for various purposes in industrial fields such as 
servo press, steering gear, injection molding machine and 
etc. The specifications of the EHA prototype are shownin 
Table 1. Figure 1 shows the hydraulic circuit of the 
hydraulic position control test rig for the developed EHA 
prototype. The test rig is used for the dynamic 
performance test of position control systems. It consists 
of two hydraulic cylinders: a main cylinder which is a 

Table 1 Specifications of the EHA prototype 

Specification Value 

Stall force 15,705kg 

Stroke 33.7 Wb/m2 

Velocity 123.0~142.5  mm/s 

Power 9.0  kW 
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Figure 1 Hydraulic circuit of the EHA system 

part of EHA and a load cylinder. Two cylinders are 
coupled by a shaft. The main cylinder is controlled by 
the electric motor which is also a part of EHA. The load 
cylinder is controlled by the Moog servo valve and it 
controls the meter-out flow from the load cylinder to 
simulate the load. 
The flow of the hydraulic fluid to the main cylinder is 

controlled by the electric BLDC servo motor operated 
through a driver by a controller. The position of the main 
cylinder along its stroke is measured by a linear variable 
displacement transducer (LVDT) mounted in the hollow 
of the main cylinder rod. The signal from the LVDT is 
used for the closed-loop control of the main cylinder via 
controllers. The load force is measured by the load cell 
installed at the linkup between two cylinders.  
In addition, there is the main control device DS1104 

dSPACE board which is used to implement position 
controllers: anti-windup PID controller and adaptive PID 
sliding mode controller. The real-time control system is 
programmed by MATLAB/ Simulink. The real-time 
control system is transferred to the board through the 
Real-Time Workshop. The parameters of the controller 
implemented on the board can be changed and monitored 
through the Control-Desk software in real time. Figure 2 
shows the position control test rig of the EHA system. 

Figure 2 Position control test rig of the EHA system 

MODELLIMG AND IDENTIFICATION OF 

EHA SYSTEMS 

In order to design the position control systems of EHA 
using the optimal anti-windup PID controller scheme and 
adaptive PID sliding mode control scheme, a 
mathematical model of EHA systems is derived and 
system parameters are identified by the signal 
compression method (SCM). 

A. Mathematical Model of EHA Systems 

The pump in/out flows ( aQ , bQ ) can be represented 
with pump in/out pressures ( ap , bp ) and angular velocity 
( p ) as follows: 

( )

( )

a a
a p p a b

e

b b
b p p a b

e

V dpQ D p p
dt

V dpQ D p p
dt

(1) 

where pD is the pump displacement. In addition, the 
cylinder in/out flows ( 1Q , 2Q ) can be represented with 
the cylinder in/out pressure ( ap , bp ) and the cylinder 
displacement ( x ) as follows: 

0 1
1 1

0 2
2 2

( )

( )
e

e

V Ax dpQ Ax Lp
dt

V Ax dpQ Ax Lp
dt

(2) 

The pipe between the pump and the cylinder can be 
represented with a pressure drop ( pipep ) on the 
assumption that the pipe is rigid [1]. 

22 ( )pipe pipe p pp K D (3) 

Then, the relationship between the pump port pressures 
and cylinder chamber pressures can be expressed as 

1

2

,

.
a pipe

b pipe

p p p
p p p

(4) 

It is assumed that pipedp
dt

 is negligible compared 

with
1dp

dt and
2dp

dt , then 

1

2

,

.

a

b

dp dp
dt dt

dp dp
dt dt

(5) 
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Since the shape of the cylinder chamber is symmetric, 
the following equation for the cylinder chamber 
pressures can be established. 

1 2dP dP
dt dt

(6) 

By combing Eqs. (1) and (6), a simplified pump/cylinder 
model equation can be obtained as 

0 2
2p p L L pipe L

e

V LD Ax p p p p (7) 

where 1 2Lp p p The actuator force and the 
displacement of the load can be represented as 

LF p A Mx Bx (8) 

By combining Eqs. (7) and (8), the transfer function 
between the angular velocity of the pump and the 
displacement of the load can be expressed as 

0
2

3 2

0 0 0

2
( )
( ) 2

p e

p T e e T e

D A
x s MV

s B C A C Bs s s
M V MV MV

(9) 

From Eq. (9), it is found that the variation of the 
effective bulk modulus of the working fluid can increase 
or decrease the compressibility of the working fluid and 
then the natural frequency of the EHA system can be 
varied. The viscosity of the working fluid also affects the 
dynamic characteristics of the EHA position control 
system. Therefore, the EHA system with fixed control 
gains may not obtain the desirable response 
characteristics. 

B. Parameter Identification 

In general, the unknown system parameters of the linear 
elements in a non-linear system can be identified by the 
SCM. In practice, hydraulic servo systems exhibit 
significant non-linear behaviour due to system 
uncertainties such as line losses, leakages, and parameter 
variations of the working fluid. In the identification 
process by the SCM, some of those uncertainties have to 
be neglected because the SCM can only identify the 
linear part of the system. The unknown parameters of the 
linearized mathematical model of the position control 
system for EHA are identified by the SCM.  
As shown in Fig. 3, the test signal that has the same 

amplitude up to 4 Hz in the frequency domain is applied 
to the position control system of EHA by constructing a 
close-loop proportional control system to obtain a more 
accurate equivalent impulse response for the precise 
identification of unknown parameters. Figure 4 shows 

the comparison of the frequency response of the pressure 
control system between the closed-loop nominal model 
and the closed-loop actual system with a proportional 
controller, whose gain is 1000. 
From the identified nominal model for the closed-loop 

position control system for EHA with the proportional 
controller, the parameters of the position control system 
can be acquired by eliminating the effect of the 
proportional controller mathematically. 
After eliminating the effect of the proportional 

controller mathematically, the identified transfer function 
of the position control system for EHA is as follows: 

4

3 2 5
11.8 10( )

2231 71.8 10
G s

s s s
(10) 

0 1 2 3 4 5 6 7 8
-3.0
-2.5
-2.0
-1.5
-1.0
-0.5
0.0
0.5
1.0
1.5
2.0
2.5
3.0

Pi
st

on
 d

is
pl

ac
em

en
t (

m
m

)

Time (s)

Figure 3 Test signal 

10-1 100 10140

50

60

70
 Experiment
 Model

M
ag

ni
tu

de
 [d

B
]

Frequency [rad/s]

Figure 4 Bode-plots of the closed loop nominal model 
    and the closed loop actual system with a 

proportional controller 
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The identified system parameters were verified on the 
time domain. Figure 5 (b) shows the step responses of 
the nominal model and actual system. The validations of 
the estimated parameters are estimated by the 
cross-correlation.

1

2

1 1

( ( ) )( ( ) )

( ( ) ) ( ( ) )

N

p mp m
k

N N

p mp m
k k

Y k Y Y k Y

corr

Y k Y Y k Y

(11) 

where )(kYp and )(kYm are the responses of the real and 

nominal model in time train k, respectively. pY and

mY are the mean values of )(kYp and )(kYm , respectively. 
N is the acquired data number. The value of the 
cross-correlation is 0.904 which can calculate from the 
identification results. 
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Figure 5 Time responses of the position control system 
      obtained by the experiment and nominal model 

POSITION CONTROL SYSTEM DESIGHN 

 FOR EHA 

A. Optimal Anti-windup PID Control System 

An optimal anti-windup PID control system for the 
EHA with saturation in the electric motor is designed 
which can obtain desirable performance. In the time 
domain, performance for a control system design 
involves certain some requirements associated with the 
time response of the system. The performances are 
expressed in terms of the rising time, settling time, 
overshoot and steady-state error in step response. The 
identified transfer function in Eq. (10) is considered to 
obtain optimal control gains of the anti-windup PID 
controller.  
In order to realize desirable performance, the 

performance function is considered during the design of 
the anti-windup PID controller as follows: 

0
( , , ) ( ( ) ( ))d

p i d step step
t

J K K K y t y t (12) 

where )(ty d
step is the desired step  of the optimal 

anti-windup PID control system response and )(tystep

is the step response by the identified transfer function in 
Eq.(10). The optimal PID controller design can be stated 
as

, ,
min , ,

p i d
p i dK K K

J K K K (13) 

where pK , iK  and dK  are the proportional, integral 
and differential control gains, respectively. 
There are many optimization algorithms in the 

optimization toolbox for use with MATLAB/Simulink. 
The reference step input is the same as used in the design 
procedure of the PID controller. The cost function is 
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Figure 6 Step response of the optimal anti-windup PID  
control system 
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given by ),,( dip KKKJ  and the optimal PID 

controller gains pK , iK , dK can be found by using the 
optimization toolbox. The saturation in the electric motor 
and system parameter uncertainties due to the modeling 
error are reflected in the optimization process for the 
controller parameters. The step response of the optimal 
anti-windup PID control system is shown in Fig. 6. 

B. Adaptive Sliding Mode Control System 
considering PID Sliding Surface 

The position control system for EHA with saturation in 
the electric motor is designed by the adaptive PID sliding 
mode control scheme to achieve desirable response 
characteristics of EHA systems. In the controller design 
process, the effective bulk modulus and viscous friction 
coefficient are considered as system parameters with 
variation.  
The sliding surface s for the design of the adaptive 

sliding mode control system is defined as 

1 2 3s k e k edt k e (14) 

where the tracking error of the position de r r , dr  is 
the desired position and 1 2,k k  and 3k are positive design 
parameters. By combining Eqs. (9) and (14) and 
considering the noise term in the acceleration 

m nx x x  where the subscripts m  and n  denote the 
nominal and noisy values, respectively. The derivative of 

the sliding surface can be written as 

2

0 0 0

2

2 2( )

2 .

p e T e T
p m n e

D A B C A C Bs x x x
MV M V MV

e e

(15) 

The derivative of the sliding surface which can satisfy 
the reaching condition and solve the chattering problem 
of the control input is selected as 

sgn( )s Ds K s (16) 

where D and K are positive design parameters. In Eq. 
(15), the magnitude of the uncertainty related to rx is
assumed as 

0
min 3 max

0
n

T e

MVk x
BV C

(17) 

where min  and max  are constants. 
From Eq. (16) and the reaching condition, the equivalent 
control law can be selected as 

0
1 2 3 3

2

3
0

( )
2

2       .
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eq r m n
p e

e T e
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MVu k e k e k x k x x
D A
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In order to determine the robust control term of the 
sliding mode controller, it is assumed that 

0
0 0 3

0
n

T e

MVD s K k x
BV C

(19) 

where 0 3
0

ˆ2 p e

T e

D A
K k K

BV C M 0 3
0

ˆ2 p e

T e

D A
D k D

BV C M

and are positive design parameters. On the assumption 
of Eq. (19), the robust control law is determined as  

sgn( )rU Ds K s (20) 

If the viscous friction coefficient B and the effective 
bulk modulus of EHA systems e are considered as 
unknown and variation parameters, respectively, then the 
uncertainty is defined as  

2
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3 3
0 0

2
2

e T e
m e

T e p e
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where
2

0
3 3

0 0

2
2

T e T e

T e p e

MV A C Bk k
BV C D A

x
x

.

The parameter vector ˆ  is considered as an unknown 
parameter vector and it can be estimated by using the 
update law. 
In order to obtain the update law for the unknown 
parameters, the Lyapunov candidate is defined as 

21 1
2 2

TV s
k

(22) 

where ˆ and and ˆ are the nominal and 
estimated parameter vectors, respectively, and k is a 
positive parameter. From the derivative of the Lyapunov 
included sliding dynamics, the update law for the 
unknown parameters is selected as  

ˆ ks (23) 

Therefore, the derivative of the Lyapunov is given by  

2 sgn( ) 0V Ds Ks s (24) 
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By applying the Lasalle’s theorem for Eq. (24), the 
asymptotical stability of the EHA position control system 
is guaranteed [3]. 
Finally, the sliding mode control law can be selected as  

0 0
1 2 3

3

ˆ ˆˆ sgn( ) ( )ˆ2
TT e

r
p e

BV C Mu k e k e k x K s D s
k D A

(25) 

where 
ˆ ( )ˆ ˆ( ) ( )e

e s s e
d tt T T t

dt
and sT is the sampling 

time. 

EXPERIMENTAL RESULTS AND DISCUSSION 

In order to demonstrate and compare the performance 
of two control systems, some experimental results are 
represented in this section. Figure 7 shows the 
performance of the optimal anti-windup PID and 
adaptive PID sliding mode position control systems for 
EHA. It is shown from experiments carried out in the test 
rig that the closed-loop position control system of EHA 
with anti-windup PID control system gives unexpected 
overshoot, long settling time and big steady state error. 
On the other hand, no overshoot, short settling time and 
small steady state errors are obtained to the various 
reference positions by the adaptive PID sliding mode 
control system.  
In addition, the optimal anti-windup PID control system 

does not achieve robustness to the load disturbance as 
shown in experiments with a load (See Fig. 7).  Despite 
of the modeling error, uncertainties and load disturbance 
in the position control system for EHA, the adaptive PID 
sliding mode control system has better performance and 
robustness than the optimal anti-windup PID control 
system. The time-domain performances are presented in 
Table 2 for anti-windup PID and adaptive PID sliding 
mode control systems. 
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Figure 7 Position errors of EHA control systems  
with a load 

CONCLUSION 

In this paper, optimal anti-windup PID controller and 
adaptive PID sliding mode controller have been adopted 
to control the position of EHA systems. With saturation 
in the electric motor an identified third order plant model 
is used to design controllers based on the mathematical 
model of EHA systems. Based on the experimental 
results and the time domain specifications, it can be 
concluded that the performance of the EHA position 
control system can be improved and robustness to the 
load which can be implemented by using the adaptive 
PID sliding mode controller compared with the optimal 
anti-windup PID controller. 
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ABSTRACT 

The purpose of this communication is to develop the suitable control strategies to solve the force fighting of redundant 
active/active position control system involving dissimilar technology actuators. The research work is based on one 
redundant actuation test bench composed by one electro-mechanical actuator (EMA) and one servo-hydraulic actuator 
(SHA). One numerical model of this test bench is developed and detailed, and the sources for force fighting are studied 
based on it. Then three static force equalization control strategies are advanced. In the first one, both actuators are at 
position control and with quasi static force equalization. In the second one, the SHA is at position control but the EMA 
is at force control to compensate the force fighting. In the third one, the SHA is controlled to drive the position load 
while the EMA is controlled to output zero force. With both simulations and experiments, these three strategies are 
compared and concluded.  

KEY WORDS 

Active/Active, Actuator, Dissimilar, Force equalization, Redundant 

NOMENCLATURE 

At [m²]  : SHA piston effective area 
a [null]  : SHA friction mean coefficient of  
    external applied force 
Bs [Ns/m] : SHA viscous damping coefficient 
b [null]  : SHA friction quadrant coefficient 
Be [Nm/(rad/s)] : EMA viscous damping coefficient 
c [null]  : EMA friction mean coefficient of 

  external applied force 
d [null]  : EMA friction quadrant coefficient 
Ee [m]  : EMA position sensor offset 
Es [m]  : SHA position sensor offset 

Ey [Pa]  : hydraulic oil bulk modulus 
FL [N]  : total external load force 
FLE [N]  : external force working on EMA 
FLS [N]  : external force working on SHA 
Fe [N]  : EMA output force 
Fex [N]  : external force working on the rod of 
    actuator 
Ffc [N]  : SHA Coulomb friction force 
Ffs [N]  : SHA Stribeck friction force 
Fs [N]  : SHA output force 
Fsf [N]  : SHA friction force 
fv [Ns/m] : SHA friction viscous coefficient 
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Isv [A]  : SHA servovalve input current 
Jm [Kgm²] : EMA equivalent rotation inertia 
Kc [(m3/s)/Pa] : SHA total flow/pressure gain 
Kac [(m3/s)/Pa] : cylinder inner leakage coefficient 
Keb [N]  : EMA controller proportional gain 
Ksb [A/m] : SHA controller proportional gain 
Ksc [(m3/s)/Pa] : servovalve flow/pressure gain 
Ksg [(m3/s)/A] : servovalve flow/current gain 
Kso [m/A] : servovalve opening/current gain 
Ksp [Pa/m] : servovalve pressure/opening gain at  
    null flow 
l [m]  : EMA roller-screw lead 
Mt [Kg]  : load equivalent mass 
Me [Kg]  : EMA equivalent mass 
Pf [Pa]  : SHA load pressure 
Qsv [m3/s] : servovalve output flow 
Se [N/m]  : EMA position closed loop stiffness 
Set [N/m] : EMA overall structural stiffness 
Ss [N/m]  : SHA position closed loop stiffness 
Sst [N/m] : SHA overall structural stiffness 
St [N/m]  : overall transmission stiffness 
T* [Nm]  : EMA torque demand 
Te [Nm]  : roller-screw output torque 
Tef [Nm]  : EMA friction torque 
Tfc [Nm]  : EMA Coulomb friction torque 
Tfs [Nm]  : EMA Stribeck friction torque 
Tm [Nm]  : EMA DC motor output torque 
tv [Ns/m] : EMA friction viscous coefficient 
Vt [m3]  : SHA cylinder effective volume 
vr [m/s]  : SHA friction reference velocity 
Xe [m]  : EMA piston displacement 
Xs [m]  : SHA piston displacement 
Xt [m]  : aerodynamic surface displacement 
xtc [m]  : transmission compression 

h [Hz]  : redundant system natural frequency 
m [rad/s] : EMA motor rotation velocity 
r [rad/s] : EMA friction reference velocity 
s [Hz]  : SHA natural frequency 
[N]  : actuators force fighting  

INTRODUCTION

In current aircrafts, most actuation devices used for 
flight control and landing gear systems are servo-
hydraulic actuators (SHA) which are supplied 
hydraulically and involve a servovalve as the power 
control element interfacing with electrical control. 
However, the aircraft industry has engaged in the 
evolution towards the “More Electric Aircraft” (MEA) 
in recent years, and the hydraulic power networks are 
being progressively replaced by the electrical ones. In 
the field of actuation, Power-by-Wire (PbW) involves 
electro-hydrostatic actuators (EHA) and electro-
mechanical actuators (EMA) [1]. 
Due to the safety issues and the lack of maturity of 
PbW for application in normal mode, the new aircraft 
framework could only combines EHAs and EMAs with 

SHAs: the Airbus A380 involves 14 EHAs/EBHAs and 
the Boeing B787 involves 4 EMAs. And all these PbW 
actuators are being used only as backup actuators.  
However, for the MEA, the ultimate type of actuator 
could be the EMA, because it removes the hydraulics 
totally [2].  
In a transition period, the actuation systems combining 
one SHA and one EMA in an active/active mode, 
shown as Figure 1, generate a main issue that is the 
force fighting between the two actuators. Because of 
their dissimilar technology and setting/manufacturing 
tolerances, their static and dynamic behaviors are so 
different that they do not share the load equally and 
often fight one against another to position the load. So, 
in order to improve the system energy efficiency and 
reliability, the force equalization must be addressed. In 
this communication, the new control strategies will be 
advanced, studied and compared. 

Figure 1 Schematic of redundant actuation system 

The actuation system under study is sized for the roll 
control of single aisle aircrafts. It includes one 
industrial SHA that is set to reproduce the aircraft one 
and one prototype of EMA combining a brushless DC 
motor with an inverted roller-screw. 
As the base of all the research work, the linear models 
of SHA and EMA forming the redundant system are 
studied in the first part. Then a virtual prototype of this 
redundant actuation system is developed and detailed 
in the LMS-AMESim simulation environment. With 
this virtual system, the reasons of static force fighting 
are studied. Then based on the former results, three 
quasi static force equalization control strategies are 
proposed and tested by simulations and experiments. 
Finally the conclusion is drawn for the work in this 
communication. 

   
LINEAR MODEL BUILDING 

This part is focused on the linear model building and 
analyzing in order to support the synthesis of controller 
for load position control and force equalization later. In 
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addition to the pure position control performances, a 
particular attention is paid to the segregation of 
signaling the SHA and EMA (for safety issues) and the 
quasi closed loop static stiffness. 
SHA Linear Model 

As shown in Figure 1, the SHA combines one flow 
control servovalve and one symmetrical jack to drive 
the load. From the control point of view, the inputs of 
SHA are the current Isv to servovalve and the external 
force FLS working on the load. The functional output is 
the piston displacement Xs (that equals the air surface 
displacement Xt in linear models because the structural 
stiffness is neglected). The block diagram of the SHA 
is displayed in Figure 2 [3]. 
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Figure 2 Linear model of SHA 

This linear model takes into consideration the 
servovalve flow/current gain Ksg and flow/pressure 
gain Ksc, the jack inner leakage Kac, the equivalent fluid 
compliance Ey (in control domains), the jack equivalent 
viscous friction and the load inertia effect. The transfer 
function of single SHA system based on Figure 2 is: 
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where Kc=Kac+Ksc, is the SHA total flow/pressure gain. 
As shown in Eq. (1), this is a three order system with 
one integrator which is located downstream the loads 
disturbance. Therefore even with a pure proportional 
control in position closed loop, there is no static error 
in the pursuit mode and a constant error under static 
external force. The parameters in Eq. (1) are assigned 
with the values in Table 1 (these values are gotten from 
the manufacture datasheets). 

   
Table 1 The values of SHA system parameters 

At

[m²] 
Bs

[Ns/m]
Ey

[Pa]
Kc

[(m3/s)/Pa]
Ksg

[(m3/s)/A]
Mt

[Kg]
Vt

[m3]

3.1×10-3 2300 8.0×108 7.94×10-8 8.3×10-3 600 3.1×10-4

The open loop hydro-mechanical natural frequency 
with jack position centered can be calculated as: 

24 ( )
64.7y s c t

s
t t

E B K A
=

V M
[Hz]   (2) 

The SHA natural frequency is principally determined 
by the jack mechanical structure, load equivalent mass 
and hydraulic oil characteristics, and less influenced by 
the inner leakage and friction. So this calculated value 
is very close to the experiment measurement one. For 
the controller design, this frequency value can be used 
to set filter parameters to improve the system stability. 
Then the SHA quasi closed loop static stiffness with 
one pure P position controller can be calculated as: 

73.24 10t sg sb
s t so sp sb sb

c

A K K
S A K K K K

K
[N/m]              (3) 

where Kso=0.0142[m/A], Ksp=7.18×1011[Pa/m].  
In Eq. (3), the first equation is gotten from the transfer 
function and the second one comes from the physical 
characteristics of servovalve about pressure/opening 
gain. For the static stiffness calculating, the two results 
are very close.  
EMA Linear Model 

As illustrated in Figure 1, the EMA is composed by one 
motor power drive, one brushless DC motor and one 
roller-screw. The inputs of EMA are torque demand T*

and the external force FLE. The output is the rod 
displacement Xe (also equals the load displacement Xt
because the structural stiffness is neglected). The block 
diagram of EMA is shown in Figure 3. 

1
*T

2
l

2
l

eB

1

tM
1
s

1
s

eF

LEF

eX eX

eX

eX

EMA Air Surface

mJ
2
l

eX

mT

m

m

eT

Figure 3 Linear model of EMA 

In the upper model, it is assumed that the current loop 
dynamics is sufficiently high (about 600Hz) to be 
neglected in comparison with the other dynamics (a 
few tens Hz). Consequently, the motor output torque Tm
equals the torque demand T* exactly. Meanwhile the 
equivalent viscous friction and equivalent inertia Jm are 
considered at the motor shaft level. The transfer 
function of single EMA system is obtained as Eq. (4): 

*( ) ( )
2( ) 2 2[( ) ]

2

LE

e
t m e

lT s F s
X s M l J Bs s

l l

   (4) 
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(7)

which parameters are summarized in Table 2.  
   

Table 2 The values of EMA system parameters 

l
[m]

Jm

[Kgm²] 
Be

[Nm/(rad/s)]

3×10-3 9.2×10-3 7.5×10-3

The EMA quasi closed loop static stiffness with one 
pure P controller can be calculated as: 

32 2.094 10eb
e eb

KS K
l

[N/m]   (5) 

In Eq. (5), the lead of roller-screw is changeless, so the 
stiffness is mainly determined by the P controller gain. 
Then the most important characteristic of EMA is the 
equivalent mass reflected at the rod level. It can be 
calculated with the following equation: 

4  40956
²e t mM M J

l
[Kg]   (6) 

Through Eq. (6), it is clear that the kinetic energy of 
moving mass is principally determined by the EMA. 
Compared with the single SHA system, the increased 
effective mass due to the EMA itself will induce a 
significant reduction of the system natural frequency 
(without considering the structural compliance).  
So for a well designed EMA controller, the system 
performance shall be hardly affected by the load mass 
change. For example, if both SHA and EMA are under 
position control and the operation mode changes from 
active/active to SHA passive/EMA active under special 
situation, it is not necessary to change the EMA 
controller because the additional SHA equivalent mass 
is much less than the original one of EMA. 
Redundant Actuation System Linear Model 

Then the linear models of SHA and EMA are combined 
to get the transfer function of this redundant actuation 
system indicated in Figure 1 as the Eq. (7): 
Similar to the single SHA system, the redundant 
actuation system is also a three order system with one 
integrator. But its main characteristics have been 
greatly changed, like the system equivalent mass and 
the system natural frequency. In Eq. (7), the first term 
of the denominator polynomial points out that the 
redundant system equivalent mass equals the EMA 
equivalent mass Me in Eq. (6), which is a very large 
value and mostly fixed by the EMA rotation inertia 
reflected through the roller-screw. 
The redundant actuation system natural frequency can 

be calculated with the following equation: 
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V JV M J

l
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It is clear that a direct result of large system equivalent 
mass is the decreasing of the system natural frequency.   

VIRTUAL ACTUATOR BUILDING 

With the researches on linear models, many important 
characteristics of redundant actuation system have been 
gotten. These results are very helpful for designing the 
controllers for single or redundant actuation systems. 
However, a reality, the non linear virtual prototype of 
this redundant actuation system must be established 
and detailed to virtually validate the controllers design. 
It must be noticed that reproducing the major defects 
with accuracy is of prime importance for force fighting 
studies, opposite to only take care of the position 
signals that are low frequency state variables. This is 
performed easily in the LMS-AMESim. 
The process of developing the virtual actuation system 
is based on the progressive introduction of the non 
linear or higher order parasitic effects in accordance 
with the real test bench, as detailed below. 
SHA Friction 

The SHA friction is mainly generated between rod and 
cylinder, and influenced by the sliding velocity and the 
pressure difference between two chambers because of 
the seals deformations [4]. In order to identify the 
friction representation model accurately, both constant 
and sine wave velocity experiments have been run. In 
the constant velocity experiments, the piston moves at 
series constant speed, and the external force Fex is 
generated by the EMA that is under force control mode. 
On basis of experimental results, the friction model is 
proposed and parameters identified as: 

   
/ sgn( ) sgns rX v

sf fc fs ex ex s s v sF F F e F a b F X X f X  (9) 

where Ffc=590[N], Ffs=860[N], vr=7.2×10-3[m/s], 
fv=800[Ns/m], a=0.0087 and b=0.0197.  
After that, the parameters values are tuned with the 
results from the sine wave velocity experiments. In this 
friction model, the piston relative velocity and the 
external force Fex which is linked to the two chambers 
pressure difference signal are considered as the input 
variables. The Coulomb friction and Stribeck friction 
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are the main parts of this model.  
Now the friction model is implemented, the non linear 
simulations results and the experiments measurements 
are compared at system level. 

Figure 4 Comparison of simulations and experiments 
about SHA friction 

In Figure 4, the relative error between simulations and 
experiments is smaller than 10%, which shows the 
excellent performances of this friction model. And the 
delay effect appearing in the graph is caused by the 
digital filter for data processing. 
EMA Friction 

The EMA friction mainly comes from the roller-screw 
which has a lot of mechanical contacting points. Same 
to the SHA friction, the EMA friction is also influenced 
by the external force Fex working on the end of screw 
although the original physical phenomenon is different. 
The EMA friction which has been studied in a former 
work [5] is proposed as the Eq. (10) with the associated 
identified values of its parameters. 

/ sgn( ) sgnm r
ef fc fs ex ex m m v mT T T e F c d F t (10) 

where Tfc=3.624[Nm], Tfs=-2.245[N], r=70.55[rad/s], 
tv=0.016[Nm/(rad/s)], c=1.04×10-4[m], d=-6.21×10-5[m]. 
The upper model presents the EMA overall friction 

torque reflected at motor shaft level. When the friction 
is considered at rod level, the value shall be magnified 
by 2 /l (2094[1/m]). So, when the EMA and SHA are 
coupled by the load and operate under the same 
conditions (same velocity and external force), the EMA 
needs much more energy to offset the friction. 
Transmission Stiffness 

In linear models, the transmission stiffness between 
actuators and load has not been considered. However, 
this effect plays a significant role on the force fighting. 
Moreover, when both the SHA and EMA operate in an 
active/active position control mode to pursuit the 
position demand without force fighting compensation, 
the actuators final stable positions cannot be identical 
due to the manufacturing, setting or even temperature 
drift differences. This position difference causes the 
deformation at the actuator anchorage to the frame and 
at the transmission to the load, which itself influences 
the force fighting. 
In order to measure the transmission compliance, the 
EMA is asked to operate as force control to load the 
SHA, which is under position control.   

Figure 5 The overall transmission stiffness 

As shown in Figure 5, the overall transmission stiffness 
plot is not linear because of the backlash existing in the 
mechanical linkages (about 0.6[mm] in the present 
measurements). Then based on the experiment results, 
the stiffness model Eq. (11) is gotten by a curve fitting 
approach and included in the figure. 

72.6 10 tanh 1200t tcS abs x [N/m]              (11) 

The value of transmission stiffness changes with the 
variation of external force. When the external force is 
small, the transmission compression is around zero, 
where the stiffness value is much lower than the 
biggest one 2.6×107[N/m].  This will significantly 
decrease the system natural frequency.  
Anchorage Stiffness 

The same approach is applied to the anchorage stiffness 
which experimental and simulated characteristics are 
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Figure 7 The virtual redundant actuation system 

displayed on Figure 6 (the anchorages of SHA and 
EMA are same, and here the SHA anchorage is tested). 

   

 Figure 6 Anchorage stiffness of SHA 

In Figure 6, the hysteresis of experiment results comes 
from the backlash of linkages between position sensor 
and test bench. The magnitude of backlash is about 
0.15[mm]. Therefore the anchorage stiffness can be 
globally considered as constant (about 1.06×107[N/m]). 
Compared with other stiffness, the anchorage stiffness 
is much lower, but this can supply more buffering 
during the experiments. 
Virtual Actuation System 

The complete model of this redundant actuation system 

on active/active mode is summarized in Figure 7. The 
overall transmission stiffness in Figure 5 is divided into 
two parts to calculate the output force of each actuator 
more accurately. The SHA servovalve in this virtual 
system is a home-built model because the standard 
servovalve model cannot describe well the valve 
pressure/flow and leakage characteristics [6]. The 
actuators frictions are calculated on basis of Eq. (9) and 
Eq. (10), and transferred to mechanical models to 
generate the required amount of friction. Each actuator 
has its own position sensor to measure the relative 
displacement between rod and housing. Two force 
sensors are installed to measure the SHA and EMA 
output force, but no sensor for the external load force. 
The accuracy of this virtual test bench has been found 
to be excellent, in particular when it was necessary to 
analyze and explain the unexpected results during the 
development of position control with force equalization 
strategies. As there is no mean to generate an external 
load when both actuators are operated in position 
control, the virtual system will be used advantageously 
as a substitute of reality. The particular attention paid to 
the simulation of load effects, servovalve gains, friction 
and structural compliances contributes significantly to 
the realism of the simulated responses. 

 STATIC FORCE FIGHTING ANALYSIS 

Before developing force equalization control strategies, 
it is necessary to make clear the reasons that cause 
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force fighting, which is defined to be presented as: 

=Fs-Fe                 (12) 

when  equals zero, it means no force fighting. 
Then two simulations are carried up to help study the 
reasons. Here, the actuator controllers in simulations 
come from the designs for single SHA system and 
single EMA system. These position controllers are all 
pure proportional controllers and asked to satisfy the 
requirements (position static error is smaller than 
0.5[mm] in cases of 10[KN] external forces; frequency 
response is smaller than -3dB/-45° in case of 3Hz sine 
position input). The integral control is not recommended 
because it will aggravate the force fighting.  
In the first simulation, the SHA and EMA are all 
controlled to zero displacement, and the external force 
is continuously and slowly varying from -20[KN] to 
20[KN]. The static load sharing is shown in the upper 
graph of Figure 8. In the second simulation, the 
external force is kept to null while a continuously and 
slowly varying position offset from -2[mm] to 2[mm] 
is introduced to the SHA control loop. The result is 
displayed in the lower graph of Figure 8.  

Figure 8 Simulations about static force fighting 

On basis of the simulations results, one equation used 
to calculate the static force fighting of redundant 
active/active position control system without force 
equalization is gotten as Eq. (13): 

1 1 1 1
s s st s s e e et e e

s e L

S F S F E S F S F E
F F F

            (13) 

The theory of Eq. (13) is that the SHA static position 
error plus actuator structural deformation (transmission 
and anchorage) plus position sensor offset should equal 
the one of EMA because the coupled load is considered 
as stiff. The functions about actuators static closed loop 
stiffness and structural stiffness all have been gotten 

during the model building in previous parts. 
In Eq. (13), the stiffness functions are globally constant 
when the actuator controllers are fixed, so one idea to 
solve the static force fighting is to compensate the Es
and Ee in the first equation to get a balanced status.    

REDUNDANT SYSTEM CONTROL STRATEGY 

Three static force equalization control strategies are 
introduced below, based on the upper analysis. 
SHA Position Control/EMA Position Control 

In this strategy, both the actuators are under position 
control, and the force fighting signals are introduced to 
compensate the position feedback signals as tuning the 
Es and Ee in Eq. (13) to balance the actuator output 
force. An integrator is added to the compensation path 
to remove the static error. 

Figure 9 Static force equalization strategy 1 

SHA Position Control/EMA Force Control 

In this strategy, there is no change to the SHA position 
controller, but the EMA is changed to force control. 
The EMA output force is asked to track the SHA output 
force to reduce the force fighting.  

Figure 10 Static force equalization strategy 2 

Here the EMA is chosen as force control because that 
its output force is corresponding to the motor current 
control, which dynamics are much higher than the ones 
of SHA servovalve. So, for the future work on dynamic 
force equalization, choosing EMA is better.  
SHA Position Control/EMA No-Load Control 

Figure 11 Static force equalization strategy 3 
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In the third one, the EMA is asked to always output 
zero force, and the static load is balanced exclusively 
by the SHA. Because the EMA has no direct influence 
on the load position, the force fighting is cancelled in 
statics [7]. 
Simulation and Experiment 

The efficiency of these force equalization strategies are 
compared by simulating firstly in the virtual prototype 
and then taking experiments. The position set point is 
kept null while a continuously and slowly varying 
position offset is introduced to the SHA channel. The 
effects of structural compliances are simulated and 
activated in the real test bench. The corresponding 
responses are displayed on Figure 12. 

Figure 12 Comparison of force equalization strategies 

In Figure 12, these three control strategies all have 
good effects on static force equalization, the magnitude 
of force fighting reduces from 4.0×104 [N] to smaller 
than 1.0×103 [N]. The first strategy is more stable than 
the other ones under the function of integrator, but the 
response speed is slower because the force fighting 
compensation is added to the position loop which 
dynamics are poor. But for the second strategy, the 
compensation is working on the EMA force control 
loop which dynamics are much quicker because it is 
corresponding to the motor current control. For the 
third strategy, the effect is poorer compared to the 
second one, that is because the SHA operating 
information is not used in the control law of EMA, they 
are two segregated actuators totally, but this is better 
for the safety issue of aircraft. 

CONCLUSION 

The research work presented in this communication 
aimed at providing suitable control strategies for static 
force equalization of redundant actuation system 
involving dissimilar technology actuators. For that one 
virtual system corresponding to the redundant actuation 
test bench was built, detailed and proved work well on 
describing the system performances by comparing with 
the experimental results. Based on this virtual system, 
the reasons causing static force fighting were studied 
and three force equalization control strategies were 
advanced. With the simulations and experiments, these 
three strategies were confirmed producing significant 
effects on static force equalization. Now the static force 
fighting problem of redundant actuation system has 
been well studied, the future work will be focused on 
the dynamic force equalization and the virtual system 
built in this paper will still play an important role. 
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AUTOMATED HEAVY MACHINERY

Otso KARHU and Kalevi HUHTALA
                                                                                  

Department of Intelligent Hydraulics and Automation
Tampere University of Technology

PO Box 589, 33101 Tampere, Finland
(E-mail: otso.karhu@tut.fi)

ABSTRACT

In heavy machinery, maintaining the control system architecture modular, robust and generic can prove difficult. The 
problem becomes more complex when functions of a machine are automated: New types of sensors and computation 
devices are needed. These devices often use means of data transfer that have been designed for entirely different 
operating conditions. In this study, these means of data transfer are discussed in sense of modularity and life cycle 
management. The suitability of different buses and networks are debated. An automated wheel loader with remote 
control is discussed as an example. Localization is based on code differential GPS and wheel odometry. An embedded 
computer calculates automated functions such as a path-following controller. Design objectives of the loader are 
presented and the hardware architecture of the on-board control system is described and discussed. Guidelines for 
implementing on-board data transfer of an automated machine are proposed.

KEY WORDS

Networked control systems, Distributed control, Land vehicles, Robotics and automation

INTRODUCTION

Heavy machinery applications are challenging for 
electronic control systems. In addition to demanding 
operating conditions, the machines can have life cycles 
of several decades. Therefore, the control system should 
be robust and flexible to enable maintenance and 
possible future extensions. Electronic components that 
are used in controllers and sensors often become 
obsolete during the life cycle of a machine. These
problems can be solved with a modular distributed 
system. Standardized interfaces and configurable 

generic devices make the system maintenance less 
dependent on suppliers of control electronics.
The problem with automated machinery, however, is the 
lack of standardization. Some sensors and controllers
required for automated functionality are quite new and 
have no well-established interfaces. Others may have 
interfaces but they are targeted at office environment, 
for example.
In this paper, the typical ways of digital communication 
are discussed and applicability to automated heavy 
machinery is considered. A wheel loader is studied as an 
example.
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BUSES AND NETWORKS

Digital communication has undisputable advantages 
compared to analogue signals: Digital signals have a 
strong tolerance of interference and noise, it is possible 
to transfer several control signals and configuration data 
in one conductor, and transmission errors can be 
detected and corrected, for example. When arranged as 
a network, digital communication enables efficient 
distributed control and minimizes cabling.
A device with a digital interface usually has an 
embedded microprocessor (typically as the core of a 
microcontroller) unless both functionality and 
communication interface are very simple. This makes 
the devices more expensive. On the other hand, as 
computation of a system can be distributed, the main 
controller can be less expensive. The key problem with 
microprocessors, however, is their relatively short life 
cycle. There are different compilers, software 
development tools and hardware programming and 
debugging interfaces for each family of processors or 
microcontrollers. As workstation hardware and 
operating systems tend to become obsolete within years, 
maintaining configuration tools for older devices is 
often challenging.
Digital communication can be optimized for data rate, 
transfer delay, distance, cost or reliability. The solution 
is always a trade-off between some of these design 
parameters. Since one bus or network cannot be optimal 
for everything, there are dozens of standardized and 
established ways of digital communication. Furthermore, 
the rapid development of electronics and the industrial 
competition constantly produce new digital buses and 
networks. Updated specifications are usually backwards 
compatible but rapid introduction of entirely new buses 
and networks tends to make many of the older ones 
obsolete.
In addition to physical specifications, a communication 
protocol has to be defined. Depending on the system, 
different levels of the Open Systems Interconnection 
(OSI) model [1] are implemented. There are usually 
several competing higher layer protocols for each 
physical layer. Some of these protocols conflict with 
each other and therefore require separate physical 
layers.
Considering system integration, production and 
maintenance of heavy machinery, it would be ideal to 
have the same digital interface for all the devices. Due 
to application-specific optimization, many devices only 
have the interface that best suits the device type. 
Therefore, actual machines with advanced automation 
include several digital buses and networks.
ISO 11898 (Controller Area Network)

Controller area network (CAN) was originally 
developed for automotive applications. Since the control 
systems and operating conditions of cars and heavy
machinery are alike in many ways, CAN is nowadays 

the most common network in distributed control of 
heavy machinery.
CAN cabling can be implemented at low cost as the 
only key parameter is a characteristic impedance of 
120 [2]. For most operating environments, unshielded 
twisted pair copper cable is sufficient. Care has to be 
taken, however, to minimize mismatches in 
characteristic impedance all over the network. Typical 
mismatch problems are related to connectors and 
termination.
CAN controller integrated circuits (IC) implement data 
link layer of the OSI model according to [3]. Most CAN 
controller ICs have configurable data signaling rate up 
to 1 Mb/s. However, many devices cannot take full 
advantage of this feature: An application layer protocol 
or the functionality of the device may require a certain 
rate. Moreover, a device may have a limited message 
processing capacity, which either restricts the maximum 
data signaling rate or tolerates only low bus loads at 
high data signaling rates. Because all the devices of a 
CAN need to have the same data signaling rate, this 
limitation alone may require dividing the devices of a 
system into several CANs.
The main limitation with CAN is the maximum data 
signaling rate of 1 Mb/s. Therefore, in a control system 
with several closed loops the data transfer capacity of 
CAN is often insufficient. Another problem in some 
control applications is that the common CAN protocols 
are not deterministic: A message with a higher priority 
may cause extra communication delay at any time. This 
can be avoided to some extent by careful node 
configuration and synchronous message transmission. 
[4] A deterministic time-triggered communication has 
been specified [5] but not widely implemented so far. 
When CAN is operated at 1 Mb/s, the maximum bus 
length is only 25 40 m [2,4]. Since the bus topology 
requires short stubs, the trunk may become surprisingly
long. An example of this is illustrated in Figure 1.

 

Figure 1 Example of bus layout
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The number of devices has a considerable effect on the 
bus length as well: Devices need to be spaced sparsely 
enough to keep the mismatch of the bus characteristic 
impedance low [6]. If minor extra delays can be 
tolerated, some of the limitations can be avoided by 
grouping devices into separate buses and using switches 
[7].
There are several application layer protocols that cannot 
usually be used in the same physical network. SAE 
J1939 is the only CAN protocol generally supported by 
heavy duty diesel engine manufacturers. Because J1939 
was originally developed for trucks, it does not cover 
the communication of a machine, in general. Therefore, 
machines with such an engine often have one CAN for 
J1939 devices and another for controlling the hydraulic 
system, for example.
Some of the application layer protocols are designed to 
be more flexible. CANopen and Common Industrial 
Protocol (CIP) are the most common general-purpose 
CAN protocols. CANopen specifications are maintained 
by CAN in Automation (CiA). In addition to general 
protocol specification, CiA has defined profiles for 
several device types and applications. Therefore, many 
CANopen devices can be replaced with a similar 
product from another manufacturer rather easily. 
Conformance tests are not mandatory, which has 
contributed to extending the CANopen product range. 
On the other hand, some of the devices that have not 
been tested for conformance do not fully meet 
CANopen specifications. CIP is the application layer 
protocol of DeviceNet which is managed by ODVA, Inc. 
Manufacturers are closely linked to ODVA to maintain 
product conformance. This, in contrast, makes 
developing new products more difficult. Most 
DeviceNet products are targeted at industrial 
automation.
Because CAN frame is simple and many networks have 
only a few devices, implementing light system-specific 
protocols is often fast and easy. However, considering 
the life cycle of a machine, a commonly used protocol 
makes maintaining and extending the control system 
more efficient. Because most application layer protocols 
have minimal overhead and flexible options for timing, 
system-specific protocols have no performance benefit.
Although CAN is the current industry standard in 
control systems of heavy machinery, it is likely to be 
replaced with a faster network, eventually. CANopen 
and CIP are already available as deterministic real-time 
protocols on IEEE 802.3, for example [8,9].
IEEE 802.3 (Ethernet)

Ethernet is the most actively developed and supported 
local area network (LAN) technology. The development 
started in the 1970s and the first Ethernet standard was 
published in 1985. The first implementations used a 
thick coaxial cable as physical medium. Several new 
physical layers have been standardized since but most 
specifications have remained valid. [10]

In addition to ongoing strong development and 
standardization, Ethernet has an extremely strong 
position on office, consumer and industrial market. 
IEEE standards for Ethernet cover the physical and the 
data link layer of the OSI model [10,11]. Since Ethernet 
was originally developed for office environment, there 
are features that are not optimal for industrial 
applications, not to mention heavy machinery.
Nowadays the physical layer of Ethernet is mainly 
implemented according to 100BASE-TX or 
1000BASE-T specifications of [10]. The 8P8C modular 
connector that is used in these specifications (often 
erroneously called RJ45) has very limited strain relief 
and poor protection against dust and water [12]. For 
10BASE-T and 100BASE-TX there is an optional, 
properly protected industrial connector: a 4-pole M12 
with D-coding. The 8-pole version of the same 
connector can be used for 1000BASE-T and even 
10 Gigabit Ethernet. [13,14] These connectors are not 
specified for Ethernet by IEEE but especially the 4-pole 
version is strongly supported by several manufacturers 
of high protection rating Ethernet devices.
The 8P8C modular connector is, however, often the 
only option in an industrial device, probably due to 
strong standardization and low cost. With devices like 
this, an extra enclosure is needed if there is no dust and 
waterproof control cabinet available for installation. The 
connector type can be changed from 8P8C into M12 on 
the enclosure panel with an adapter [14,15]. However, 
even inside the extra enclosure, 8P8C connectors may 
still be vulnerable because of mechanical vibrations and 
shocks of the machine. There are robust 8P8C products 
[14,16] but both the plug and the receptacle need to be 
of the same product series, there is no well-established 
solution and they are more expensive than M12 
connectors. These robust receptacles, however, usually 
accept the regular 8P8C jack which makes testing and 
configuration easier as no special cables are needed.
Excluding obsolete coaxial implementations, Ethernet 
usually has a star topology with a switch or a hub in the 
center. A linear bus is also possible if all the devices 
have two Ethernet ports. Regardless of the topology, the 
physical layer of Ethernet is more expensive to 
implement than CAN, for example.
At the moment there are not many Ethernet devices 
available for motion control of heavy machinery.
However, considering embedded computers, wireless 
communication modules and various advanced sensor 
systems, Ethernet is often the only reasonable option.
Internet Protocol Suite

Internet protocol suite (often called TCP/IP) is the most 
common set of protocols used in Ethernet systems. 
Although the internet protocol suite is a layered set of 
protocols, it does not strictly comply with the OSI 
model. Most of the suite is divided into application layer, 
transport layer, internet layer and link layer protocols
[17]. These layers do not have strict definitions. Part of 
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the data link layer of the OSI model is covered by the 
link layer of the internet protocol suite. One of the key 
protocols of the link layer is address resolution protocol 
(ARP) which finds an Ethernet address for a destination 
internet address. The pairs of Ethernet and internet 
addresses are stored into a translation table which is 
typically cleared at shutdown. Therefore, after boot-up, 
ARP communication takes place before the first 
transmission to each destination address. [18]
The main protocol of the internet layer is called internet 
protocol (IP). Its main functions are addressing and 
fragmentation of data packets from higher layers. IP has 
a header checksum which makes sure the packet is 
addressed and fragmented correctly. The data of the 
packet, however, is not checked for errors in this layer. 
IP has no mechanisms for acknowledgment, 
retransmission or flow control, either. [19]
Most application level protocols are based on 
transmission control protocol (TCP) [20] which 
corresponds to a transport layer protocol in the OSI 
model. As a connection-oriented protocol, it has features 
that are not needed in control applications. A more 
suitable option is another transport layer protocol, the 
user datagram protocol (UDP). A lost or duplicated 
packet is not detected by UDP. [21] In a small, properly 
configured on-board network transmission errors are 
unlikely and typically originate from a hardware fault. 
Therefore, a separate detection of fault situations is 
usually implemented.
Industrial Ethernet

Neither Ethernet specifications nor internet protocol 
suite definitions are deterministic: Although frame 
collisions can be avoided by using switches instead of 
hubs, the communication delay cannot be predicted if 
transmissions of several devices overlap. There are 
several competing solutions that implement a 
deterministic industrial Ethernet. Most of these, 
however, require modified Ethernet hardware for 
real-time performance [22] and are therefore not 
IEEE 802.3 compliant. The ones that are implemented 
with standard Ethernet hardware only replace the 
internet protocol suite with a real-time protocol stack. 
Conventional internet protocols are, however, supported 
as the real-time protocol stacks have separate time slots 
for non-real-time communication.
Many automation devices, nevertheless, still have only a 
standard Ethernet interface and regular internet protocol 
suite. Therefore, it should be easy to add standard 
Ethernet devices into an industrial Ethernet system. 
Unfortunately this is usually not the case. The networks 
that use non-standard hardware require a special bridge 
between the industrial and standard parts of the network. 
A bridge is also needed with an IEEE 802.3 compliant 
industrial Ethernet if the firmware of the standard 
Ethernet devices in the system cannot be updated.
Most industrial Ethernet devices are not designed to 
tolerate operating conditions of heavy machinery. 

However, as the level of automation is increasing, 
industrial Ethernet may well replace CAN in heavy 
machinery applications. Due to relatively long machine 
lifecycles and small production volumes, the industrial 
Ethernet protocols that are based on standard Ethernet 
hardware seem most applicable. For example, in
CANopen-dominated applications POWERLINK is a 
likely successor, having the same application layer
protocol [8].
V.24 and Related

V.24 and V.28 recommendations specify a serial link 
that was originally designed to interface a teletypewriter 
with a modem. For compatibility reasons, a V.24/V.28
compatible serial port was included in practically every 
personal computer till it was replaced by Universal 
Serial Bus (USB). The V.24/V.28 interface is light to 
process and the hardware is low-cost. Therefore, it is 
still very common in embedded devices. The serial 
interface is usually controlled by a universal 
asynchronous receiver/transmitter (UART).
UARTs do not have addressing or error detection apart 
from rarely used simple bit parity check. Therefore, 
proprietary serial protocols are very common. There are 
also several well-established protocol specifications for 
certain applications.
A V.24/V.28 serial link has a point-to-point topology. 
Therefore, a computer usually has a separate serial port 
for each V.24/V.28 device in the system. Maximum 
cable length depends mainly on the total capacitance of 
the cable. V.28 specifies single-ended signalling which
is sensitive to interference. Therefore, especially long
cables should be shielded.
The V.24/V.28 devices usually have quite low data rates. 
The V.28 recommendation covers signalling rates only 
up to 20 kb/s [23] but devices supporting up to 
115.2 kb/s are quite common nowadays. In any case, the 
maximum signalling rate has to be checked for each 
device separately.
A point-to-point serial link can also use differential 
signalling [24]. The specification enables longer cables 
and higher data signalling rates. Similar transceivers can 
also form a half-duplex multi-point network [25] if the 
transmitters can be switched off. This type of serial bus 
is common in traditional industrial automation.
IEEE 1394

IEEE 1394 is a high-performance serial bus for 
computer peripherals, for example. Depending on 
interface generation, an IEEE 1394 interface may use a 
data signalling rate of up to 3 Gb/s. The interface is 
often called FireWire, according to the brand name of 
Apple Inc., the original developer. The specification 
includes different physical transfer mediums but the 
most common is the short-haul copper cable. It usually 
has a maximum length of 4.5 m, although longer cables 
are possible in simple network layouts. [26]
A short-haul IEEE 1394 network with more than two
devices has to be daisy-chained or branched using 
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devices that have more than one port. In addition, since 
the cable shielding specification is quite complex, the 
hardware cost of a network easily becomes high. [26]
The IEEE 1394 specification is targeted at indoor 
applications. There is no well-established industrial 
connector outside the specification, either. Therefore, 
protected and robust plugs and receptacles no not 
usually mate unless they are of the same product series.
An IEEE 1394 interface is usually not included in 
embedded computers. A separate adapter board is 
therefore needed. Although integrated IEEE 1394 
interfaces are quite low-cost, adapter boards for 
embedded computers tend to be quite expensive.
Universal Serial Bus

USB was designed for interfacing peripherals with a 
personal computer. Latest version of the specification, 
USB 3.0, has a maximum data signaling rate of 5 Gb/s. 
At the moment, however, most devices only support 
USB 2.0 that has a maximum data signaling rate of 
480 Mb/s. The USB network has a tiered star topology 
which requires a host that is connected to devices 
directly or via hubs. The devices do not communicate 
with each other but with the host, only.
USB 3.0 has more complicated cable and connector 
specifications than USB 2.0. Neither specification states 
maximum length of a cable but a limit for signal 
propagation delay and insertion loss. With typical cables, 
these result in a maximum length of a couple of meters. 
[27,28] In heavy machinery applications, USB has 
connector limitations similar to IEEE 1394.

AUTOMATED WHEEL LOADER

Functional Objectives

An automated wheel loader was developed to be used as 
a generic research platform. The machine is used in 
research and demonstration of automated 
path-following, short-range remote control and digital 
working hydraulics. The control system also needs to 
support operation as a member of a fleet of automated 
machines. In addition, different optimizations of the 
power train control may be researched. Moreover, the 
control system should support modifications of the 
hydraulic system. Overall, the control system has to be 
flexible in terms of updating control algorithms and 
adding or replacing devices.
Construction

The wheel loader is shown in Figure 2. Although the 
frame of the machine is from a commercial loader, the 
engine and the hydraulic system have been replaced. 
The machine has a mass of 4000 kg, a 100 kW common 
rail diesel engine and articulated frame steering. Since 
pure drive-by-wire is needed, the steering cylinder is 
controlled with an electrically actuated proportional 
valve. The front attachment can be changed. A pallet 
fork has been used so far.

Figure 2 Automated wheel loader

The machine has a closed-loop hydrostatic transmission 
with a variable displacement pump and four parallel 
fixed displacement hub motors. Working hydraulics 
circuit has been implemented with digital hydraulics. 
There are 20 seat type on/off-valves for both lift and tilt,
5 in parallel for each control edge. [29]
Control System Architecture

The layout of the control system is presented in Figure 3.
The devices are divided into three levels. The automated 
functions are calculated with an advanced computing 
module which is an embedded computer. The computer 
runs an Ethernet boot loader for Mathworks xPC Target. 
New software can therefore be developed using 
MATLAB/Simulink and downloaded via the wireless 
interface.
For flexibility and extensive product range, CANopen 
was chosen as main network technology. Many 
components of the hydraulic system have integrated 
electronics with a CANopen interface. To enable 
possible future modifications, the main PLC has extra 
analog and digital inputs and outputs for hydraulic 
components with conventional electric connections. The 
PLC also measures analog signals from pressure and 
temperature transducers, and controls the pump of the 
working hydraulics.
In addition to the main PLC, the motion control level of 
the control system has a separate controller for 
controlling the digital working hydraulics. Since digital 
working hydraulics have probably never been 
implemented on a machine, flexible control algorithm 
development and real-time monitoring are required. 
Therefore, a dSPACE MicroAutoBox with easy access 
from MATLAB/Simulink is used.
Some of the CANopen devices are designed, built and 
programmed at the department since no applicable 
commercial products are available. These include the 
digital hydraulic valve drivers and the modules for 
remote control, emergency stop and wheel odometry.
All of these deploy the same hybrid microcontroller, a 
Freescale 56F8323.
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Sensors, actuators, etc.

Motion control

Automated functions

CAN 1 (CANopen)

CAN 2 (CANopen)

CAN 3 (J1939)

CAN 4 (CANopen)

CAN 5 (diagnostics)

Ethernet (internet protocol suite)

V.24/V.28 (NMEA 0183, RTCM 104)

Advanced computing
module

(embedded computer)

Main PLC
(Bodas RC36)

Display

Digital hydraulics controller
(dSPACE MicroAutoBox)

Emergency stop module

Remote control module

Joystick

Diesel engine

Wheel odometry module

HST pump

Angle resolver
(articulated frame)

Valve driver (lift)

Valve driver (tilt) Proportional valve
(BR M4, steering)

Proportional valve
(BR M4, auxiliary hydraulics)

GNSS receiver
(Trimble SPS351)

DGPS correction module
(smallTRIP)

Wireless module & Ethernet switch
(Acksys WLg-ABOARD/N)

Figure 3 Control system layout

The CAN devices are grouped into four busses. Since 
the only SAE J1939 devices are the diesel engine and 
the joystick, they are connected to the same bus. The 
CANopen devices are divided into three busses based 
mainly on device functionality to balance the bus loads.
A separate IEEE 802.11a/b/g/h compliant wireless 
module with an integrated Ethernet switch was selected 
for high-performance wireless communication. Another 
solution could have been a wireless adapter board for 
the embedded computer. A separate module was 
preferred because of independence from operating 
system, easy hardware updates, and a quick and simple 
configuration procedure via a web browser interface.
The GNSS receiver had to be chosen on the grounds of 
localization performance and cost. Fortunately, it also 
has diverse options for communication. Ethernet was 
chosen since there was a spare port in the switch 
integrated into the wireless module. The receiver was 
configured to transmit position data to the embedded 
computer in UDP packets.
Since there are several sources of drifting systematic 
error in GNSS signals, a fixed reference station is 
usually used to cancel the drift. To make the machine 
more independent of working area, a network-based 
correction service (Trimble VRS DGPS) is used. The 
position data of the GNSS receiver is transmitted to the 
correction server over the Internet every 10 seconds. An 
optimal set of correction data for the current working 
area is then received from the server every second. For 
this communication, an embedded mobile Internet 
module (smallTRIP) was installed. The module has a 
V.24/V.28 compliant serial port. It communicates 
directly with the GNSS receiver in NMEA 0183 and 

RTCM 104 protocols which are well-established in 
GNSS applications. The GNSS receiver can 
communicate with the correction server also via the 
Ethernet interface if the wireless module has access to 
Internet. A separate module, however, means that the 
correction signal can be received almost anywhere 
without IEEE 803.11 compliant wireless Internet access. 
Moreover, with the external module it is possible to 
keep the embedded computer and the GNSS receiver 
entirely separated from the Internet for improved 
security.

CONCLUSION

There are several possible solutions for on-board 
networking of a machine. Applicable products for 
automated functionality, however, are not widely 
available. For cost and availability reasons, a 
CAN-based general-purpose protocol is a good choice 
for most devices. In addition, automated functionality 
usually requires a network with a high data rate, 
Ethernet being the only practical solution. For 
configuration and maintenance, an ideal combination of 
technologies would be CANopen and POWERLINK or 
DeviceNet and Ethernet/IP. However, since industrial 
Ethernet protocols are not widely supported by GNSS 
receivers, laser scanners, machine vision cameras etc., a 
standard Ethernet with conventional internet protocol 
suite is almost mandatory. Special attention needs to be 
paid to scheduling analysis and connector solutions.
Keeping the number of software tools reasonable may 
prove difficult.
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ABSTRACT

With the automation development of excavator, fault diagnosis for hydraulic system has become one of the key 
techniques of modern excavator. By analyzing the excavator’s hydraulic system, this paper presents a fault feature 
approach based on fuzzy ARX (Auto-Regressive with eXtra outputs) model to extract of the excavator’s hydraulic 
system. Compared with classical ARX model, fuzzy ARX model is capable to extract nonlinear features. On the basis 
of target fault features, RBF (Radial Basis Function) network is served as fault classifier and the output of the RBF 
network is the result of diagnosis. Several typical faults of hydraulic system were used to test the fault diagnosis 
approach. Experimental results show that 80% of the test faults were correctly identified, and the fault diagnosis 
approach proved feasible and effective on construction machinery hydraulic system. 

KEYWORD 

Hydraulic system, construction machinery, fault diagnosis, fuzzy logic, auto-regressive with extra outputs (ARX) model 

NOMENCLATURE

rR  : Fuzzy relation rule 
rA  : Fuzzy set for input 
rB  : Fuzzy set for output 

x   : Input variable 
y  : Output variable

INTRODUCTION 

In order to meet the increasing demand of fast and 
efficient construction, mechanic and electric technology 
has been widely employed on the excavator. Hydraulic 
system is becoming more and more complex [1]. 
Therefore, there is an important significance to develop 
an effective fault diagnosis approach for the excavator’s 
hydraulic system. 
Faults in an excavator’s hydraulic system can take many 
forms, such as pump faults, valve faults, cylinder faults 
and so on. Hydraulic faults are generally sorted in 
several grades according to severity. Complete failures 

and abrupt faults are comparatively easy to detect. Fault 
detection techniques related to complete failures of 
control and equipment components of hydraulic system 
were proposed. Gradually generating faults are hard to 
detect early using limit-checking methods with simple 
residuals because fault effects are often masked by 
control actions. On the other hand, the hydraulic system 
is nonlinear with dynamic property. It is difficult to 
develop a fault feature extraction technique based on 
linear model[2]. Fuzzy ARX model has been proposed 
for the nonlinear process, which can effectively describe 
the nonlinear property of a process [3][4]. The fuzzy 
ARX model is valid for dealing with data from dynamic 
process[5][6]. In this paper, an online fault feature 
extraction approach based on fuzzy ARX model was put 
forward. This approach was effectively applied on 
SWE50 excavator and could accurately diagnose faults. 

SYSTEM OVERVIEW 

A hydraulic excavator consists of a boom, stick, and 
bucket, and move via tracks or wheel. The motion of 
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boom, stick and bucket are driven by corresponding 
hydraulic cylinders. A basic operating cycle involves a 
digging pass through the bank, a loaded swing to dump 
position, a dump into a haul truck, empty swing back to 
the digging and repositioning or spotting of the bucket at 
the face. To fulfill those complex operations, an 
excavator usually equipped with various hydraulic 
components including variable pump, proportional valve 
and cylinder. Variable pump converts mechanical energy 
to hydraulic energy and proportional valves distribute 
hydraulic energy to cylinders to drive boom, stick and 
bucket. Hence, we can simplify an excavator’s hydraulic 
system to several similar basic hydraulic loops in spite 
of the functional difference. A basic hydraulic loop of 
the excavator can be demonstrated as Figure 1. 

B A

P

T

T

Figure 1  A basic hydraulic loop of the excavator 

This paper focuses on a SWE 50 mini excavator. This 
excavator’s hydraulic system mainly involves a load-
sensing variable pump integrated with two piston pumps, 
a gear pump and a trochoid pump, a piloted electric-
hydraulic proportion valve series, and working 
attachments including boom, arm, bucket and cylinders 
corresponded.  

FAULT FEATURE EXTRACTION 

Structure of fuzzy ARX 

Let us consider a single-input-single-output nonlinear 
system which can be configured as following fuzzy 
relational equations 

1 1 1:  IF  is , THEN  is 

:  IF  is , THEN  is r r r

R x A y B

R x A y B
            (1) 

The system can be described by a system of disjunctive 
rules, we could decompose the rules into a single 
aggregated fuzzy relational equation as follows 

1 2AND AND

AND r

y x R x R

x R
           (2) 

or 
y x R

where, 1 rR R R .

We can incorporate ARX model into fuzzy relational 
equations. The fuzzy ARX model can be written as 
following equations 

1 1

1 1
1

1 1 1
1

1

1

:  IF 1  is ,  THEN 

1

1

:  IF 1  is ,  THEN

1

1

a

b

a

b

n a

n b

n n

n n
n a

n n n
n b

B y t B

y t a y t a y t n

b u t b u t n e t

B y t B

y t a y t a y t n

b u t b u t n e t

          (3) 

Above equations can be represented in an aggregated 
fuzzy relational equation as follows 

1Ty t y t t e tB        (4) 

where, 

1 , , ,

1 , ,

a

T
b

t y t y t n

u t u t n
1 1 1 1 1
1 1

1 1

, , , , ,

, , , , ,

a b

a b

n n

n n n n n
n n

a a b b

a a b b

11 1 , , 1n

T

B B
y t y t y tB

Then Equ. (4) could be simplified as follows 
Ty t t e t                   (5) 

where, 1T y tB .
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Fault feature extraction approach 

The fault feature extraction approach could be given as 
following steps: 
(1) Define membership functions. 
Five Gaussian membership functions were used to 
represent the output y  as shown in Figure 2. 

Figure 2. Memship function for the output y

(2) Define the fuzzy relational rules. 
Fuzzy relational rules were consisted of five equations 
which can be given by 

1 1

1 1
1

1 1 1
1

5 5

5 5
1

5 5 5
1

:  IF 1  is ,  THEN 

1

1

:  IF 1  is ,  THEN

1

1

a

b

a

b

n a

n b

n a

n b

B y t B

y t a y t a y t n

b u t b u t n e t

B y t B

y t a y t a y t n

b u t b u t n e t

      (6) 

(3) Establish the Fuzzy ARX model  
We can establish a corresponding ARX model for each 
fuzzy rule. The parameters of fuzzy ARX model is 
estimated by applying the least square method and is 
given by 

1
2

1

1

ˆ 1

1

i

i

N
i T

B
t

N

B
t

y t t t

y t t y t
     (7) 

and

1

5

ˆ
ˆ

ˆ
                              (8) 

(4) Extract the fault feature vector 
Generally, dimension of parameter matrix is so big that 
fault classifier can not properly determine the fault 
condition. To improve efficiency of  fault diagnosis, we 
use weighted vector as the fault feature vector as follows 

1 5
1 5
ˆ ˆf                      (9) 

where, 1 5 1.

FAULT DIAGNOSIS ON HYDRAULIC SYSTEM 

OF MINI EXCAVATOR 

Fault classifier based on RBF networks 

The structure of an RBF networks includes three layers 
with input layer, hidden layer and output layer. An RBF 
networks can be written as following form 

1

k

j
j

g x
h

j
x c

                  (10) 

where, k is the number of basis function, pRx  is the 
input vector,  is basis function, h  is the smooth 

coefficient, jc  is centroid of cluster j , j is the weight 

and  is the Euclidean norm. Here we choose 

Gaussian form as the basis function by 
2expz z                           (11) 

We can define a objective function as following form 

1

1

n

ij
i

n

ij
i

u

u

i

j

x

c                                  (12) 

To minimize the criterion mJ , namely  mJmin
an iteration algorithm is implemented by following 
steps:
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1) Randomly initialize the c-partition matrix according 
to  

1

1, 1,...,
C

ij
i

u j N             (13) 

and 0U  is generated. 
2) Calculate centroids of clusters using 

N

i

m
ij

N

i
i

m
ij

j

u

xu
c

1

1                 (14) 

3) Compute dissimilarity between centroids and data 
points by 

C

k

m

ki

ji

ij

cx
cx

u

1

1
2

1

                     (15) 

4) Stop iteration when 

kk UU 1                                  (16) 

5) Update kU  and go to step 2). 

6) Construct a k-dimension space vector 
2

1
2

2

2

exp

exp

i

i

i k

h

h

x c

y

x c

                     (17) 

Where the variances are also considered to be known, 
and

ig x T
y                                        (18) 

7) By implementing LMSE (Least Mean Square Error) 
method, we can obtain estimated matrix of weight 

11 12 1

21 22 2

1 2

ˆ ˆ ˆ
ˆ ˆ ˆ

ˆ

ˆ ˆ ˆ

N

N

k k kN

                    (19) 

Fault diagnosis 

Firstly, samples of N  target faults and a test fault are 
collected at certain sample frequency. Then these sample 
data should be preprocessed to satisfy the requirement of 
fuzzy ARX model. The fuzzy ARX models for each 
fault are established.  
Then we can extract fault feature vectors according to 
equation (7), (8) and (9). Considering N  types of target 
faults, a dataset composed of N  eigenvalue vectors can 
be obtained 

1

2

TT

T

T
N

f

f
F

f

                                (20) 

In order to determine the condition of a test fault, its 
eigenvalue vector is incorporated into the dataset above 
and a new dataset generates 

1

2

1

TT

T

new
T
N
T
N

f

f

F

f

f

                              (21) 

Firstly target fault dataset were used to train RBF 

networks classifier, and then the output of the 

classifier is the result of fault diagnosis.  

(1)  Training of  the RBF network 

1) Initialize parameters and construct 

N discriminants 1 2, , , Ng x g x g x ;

2) Calculate k  centroids , , ,
1 2 k

c c c using r
U ;

3) Compute n  k-dimesion , , ,
1 2 n

y y y  while fault 

feature vectors 1 2, , , N  and centroids 

, , ,
1 2 k

c c c were carried into the basis function; 

4) Estimate weight matrix ( 1)ˆ k NR  by 

LMSE, and obtain RBF networks classifier. 
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(2) Classification of the test fault sample 

1) Obtain 1
test
fg 2

test
fg test

N fg

according to equation (10). 

2) if  

1 2max , , ,test test test test
i f f f N fg g g g

and then we can determine that the test fault sample is 

the i  fault Else, we cannot determine the fault type. 

4. Experiment 

With the SWE50 experimental excavator, sample data is 
generated from three single fault cases including piston 
wear, spool stroke and spool wear. The observation 
vector at time t, which is composed of the variables from 
the simulation model, may be written as follows 

, , ,
T

P A B Px t P t P t P t Q t

where PP  and PQ  are the pressure and  the flow rate at 

pump outlet respectively. AP  and BP  are the pressure at 

port A and port B of valve respectively. The fuzzy ARX 
model can be rewritten as follows 

FARX1 1 , 2 , 1 , 2

FARX2 1 , 2 , 1 , 2

P

P P P P

A

A A B B

Q t

Q t Q t P t P t

P t

P t P t P t P t

With the SWE50 experimental excavator, sample data is 
generated from three target fault cases as follows:  

Fault 0: No faults 
Fault 1: piston wear 
Fault 2: spool stroke 
Fault 3: spool wear 

The cases that more than one fault occur at the same 
time were not under consideration in this study. To 
obtain adequate resolution of the hydraulic system, the 
sample frequency can be taken as 100Hz. The 
computation and analysis of sample data to verify the 

online fault detection approach were implemented in 
Matlab environment. In order to avoid particular 
variables inappropriately dominating the procedure, the 
training data should be normalized before developing a 
fuzzy ARX model. The normalization consisted of two 
steps: the first step was to subtract the mean from each 
variable in the data; the second step was to divide each 
mean-centered variable by its standard deviation. This 
scaled each variable in the sample data to zero mean and 
unit variance. Sample data should be scaled with mean 
and variance vector of the sample data of the normal 
condition.We can extract fault feature vectors from 
model FARX1 and model FARX2 of Fault0, Fault1, 
Fault2 and Fault3 as shown in Table1. 

Several test faults were introduced to verify the 
classification performance of RBF network classifier. 
Fault feature vectors were used to train RBF network 
classifier, Then RBF network classifier was used to 
classify the test fault.  The classification result shows 
that all the test faults were correctly classified as shown 
in Table 2. The fault diagnosis using fuzzy ARX and 
RBF networks classifier proves feasible and effective on 
excavator’s hydraulic system. A SWE50 excavator was 
used to verify the online fault detection approach. 
Experimental results show that the proposed approach 
could be effectively applied to the fault extraction of the 
excavator’s hydraulic system.  

CONCLUSION 

Aiming at the hydraulic system of excavator, a fault 
extraction approach using fuzzy ARX was put forward 
in this paper. With this approach, fuzzy ARX models 
were developed using sample data for target faults; Fault 
feature vector was extracted from the model; RBF 
network classifier was used as the fault classifier to sort 
the test fault to the target faults.     
 The hydraulic system of SWE50 excavator was 
developed to verify the fault detection approach. The 
proposed fault extraction approach was verified via this 
experimental excavator. Experimental results show that 
the proposed approach could be effectively applied to 
the fault detection of the excavator’s hydraulic system.  
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Table 1  Fault feature vectors of three single fault cases 

Fault type Fault feature vector 

FAULT0 4.249 -0.536 1.421 -2.504 5.271 0.731 0.537 0.256

FAULT1 4.341 -0.318 0.669 -1.772 -2.030 7.389 0.491 -0.600

FAULT2 4.187 -0.440 -0.619 0.286 6.099 -0.798 0.105 -0.152

FAULT3 4.620 -1.132 0.384 -1.516 4.866 0.145 0.119 -0.091

Table 2 Output of RBF network classifier 

Fault type 
Target fault Result of 

classification 
1g x 2g x 3g x 4g x

(1)FAULT0 0.137 0.000 0.033 -0.006 FAULT0( )

(2)FAULT1 0.000 0.120 0.000 0.000 FAULT1( )

(3)FAULT1 0.000 0.203 0.000 0.000 FAULT1( )

(4)FAULT2 -0.015 0.000 0.591 -0.043 FAULT2( )

(5)FAULT2 -0.014 0.000 0.405 -0.027 FAULT2( )

(6)FAULT3 -0.004 0.000 0.047 0.599 FAULT3( )

(7)FAULT3 -0.004 0.000 0.046 0.389 FAULT3( )
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ABSTRACT 
 
The slippers behavior in swashplate-type axial piston motors was measured by the test rig. The operating 
conditions were supply pressure of up to 35 MPa and rotational speeds of 0–26.7 s−1. A petroleum-type hydraulic 
oil with a viscosity grade of 46 was used as the test fluid, and the temperature was maintained at value between 
30 and 60 ºC. The experiment examined the influences of supply pressure, rotational speed and oil temperature. 
The displacement between a slipper and a rotational disk, tilt angle, azimuth angle of a slipper and frictional 
torque are reported. As the supply pressure increased, the clearance between the slipper and the disk, the slipper 
tilt angle and the slipper azimuth angle decreased, and the frictional torque increased. As the rotational speed 
increased, the displacement and the slipper tilt angle increased. As the oil temperature increased, the 
displacement decreased and the slipper tilt angle increased. 

 
 

KEY WORDS 
 

Axial piston motor, Slippers, Hydraulics 
 
 
 

NOMENCLATURE 
 

dp : Diameter of pistons [mm] 
h : Center displacement of slippers [mm] 
N  : Rotational speed [s-1] 
ps  : Discharge pressure [MPa] 
r1 : Diameter of the inner sealing land [mm] 
r2 : Diameter of the outer sealing land [mm] 
tc : Hydraulic fluid temperature [ºC] 
α : Tilt angle of slippers [deg] 
η : Static pressure balance ratio of slippers 
φ : Azimuth angle of slippers [deg] 
 

INTRODUCTION 

Hydraulic fluid power systems are used in 
construction machinery, automobiles, fabrication 
machinery and other industrial equipment, because of 
their high energy density, responsiveness, and the good 
method of transmitting large amount of power. Gear 
type, vane type, screw type, and piston type pumps 
and motors are used as pressure sources and actuators 
in fluid power systems. One of these, the 
swashplate-type axial piston pump or motor has a 
variable volume mechanism, and is widely used 
because of its small size. Figure 1 shows the structure 
of a swashplate-type axial piston pump. There has 
been demand for higher efficiency and reliability in 
pressure sources and actuators, and swashplate-type 
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axial piston pumps and motors are no exception. Static 
pressure bearing mechanisms have been mounted on 
parts to support the fluctuating high loads that occur 
during the operation of these pumps and motors. The 
slippers that support the relative sliding motion 
between the pistons and the swash plate are extremely 
important components, as they have a significant 
affect on mechanical function. 
Many reports on research into slippers have been 
published. Kazama [1] analytically calculated the 
tribological characteristics of an over-clamped slipper. 
The other, Manring, Wray and Dong [2] [3], Iboshi 
and Yamaguchi [4] [5], Tanaka, Nakahara, Kyogoku 
and Fujita [6], Yabe and Kubo [7] have studied the 
motion and tribological characteristics of slippers 
theoretically and experimentally. However, the 
behavior of slippers has not been studied under 
real-life operating conditions with a focus on 
application to hydraulic motors and pumps, 
particularly those used in construction machinery. 
In this study, the slipper was evaluated the behavior 
with a slipper test rig developed by the authors. The 
displacement and frictional torque of slippers were 
measured under a supply pressure of up to 35 MPa and 
rotational speed up to 26.7 s-1, and the results are 
discussed in this report. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Mechanism of swashplate-type piston pump and motor 
 
 

APPARATUS AND PROCEDURE 
 
Figure 2 is a schematic view of the test rig for slippers 
in swashplate-type axial piston pumps and motors [9]. 
The device was mounted in an oil chamber with a 
rotational disk and two cylinders. Two piston 
assemblies were mounted inside the cylinders. One of 
the piston assemblies was used to measure behavior, 
and the other was included to balance the load on the 
rotational disk. The chamber was filled with an ISO 

viscosity grade 46 (density: 862 kg/m3 @ 15 ºC, 
kinematic viscosity: 48.85/7.67 mm2/s @ 40/100 ºC). 
The oil temperature was monitored by a thermocouple 
in the chamber and the oil was heated with two heaters 
(input power: 2 kW). The rotational disk was rotated 
by a servo motor (rated output: 4.4 kW, rated torque: 
28.4 N•m, maximum speed: 50 s−1). The rotational 
disk was set to zero tilt, perpendicular to the cylinders. 
A torque sensor (rated torque: 100 N•m, hysteresis: 
±0.3%) was attached to the shaft.  

 
 
 

 
 
 

 
 
 
 
 
 

 
 
 

Figure 2 Diagram of slipper test rig 
 
 
Figure 3 shows the hydraulic circuit. The oil flow rate 
to the cylinders was measured with a gear type flow 
meter (range: 0.083-16 ml/s, maximum pressure 
capacity: 62 MPa). A pressure sensor (maximum 
range: 50 MPa, non-linearity: 0.3% RO) was placed 
upstream of the flow meter, the measured value was 
feedback to the servo valve to control the pressure. A 
piston pump (maximum pressure: 72 MPa, flow rate at 
maximum pressure: 8.3 ml/s) was used as the pressure 
source.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
Figure 3 Diagram of hydraulic circuit 
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Figure 4 shows how the displacement meters were 
placed. Six contact sensors (range: ±0.5 mm, 
resolution: 0.1 μm) were used, three inner sensors for 
displacements of the slipper, and three outer sensors 
for the rotational disk. The sensors on the inner and 
outer sides were placed in pairs. The differences 
between the two sensors in each pair enabled us to 
calculate the changes in displacements between the 
slipper and the rotational disk. As displacement values 
were obtained at three points, their values enabled us 
to estimate the displacement h at the center of the 
slipper, the tilt angle α, and the azimuth angle φ. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Locations of displacement sensors 
 
 

The experiment was conducted as follows. Test piston 
assemblies were placed in the cylinders. The chamber 
was filled with test oil and the chamber was purged of 
air. The test oil in the chamber was heated to the test 
temperature. The cylinders were pressurized at 1 MPa 
and the displacement meters were zeroed. The 
rotational disk was driven at a constant rotational 
speed. The supply pressure was increased from 5 MPa 
to 35 MPa in 5 MPa increments and then lowered. The 
pressure changes were accomplished in 5 seconds, and 
20 seconds were allowed for the pressure to stabilize. 
The supply pressure, flow rate, frictional torque and 
slipper displacement were recorded on a PC. The 
increase and decrease in pressure were carried out 
twice, and the data taken during the second cycle were 
used as a basis for comparison. The rotational speed of 
the disk was controlled by feeding back the signals of 
a tachometer to the electric servomotor to maintain a 
constant rotational speed under operating conditions 
ranging from low and high load. 
The experimental conditions were as follows. The 
rotation rate N was 0, 3.33, 6.67, 10.0, 13.3, 16.6, 20.0 

and 26.7 s-1, and the operating temperature tc for the 
hydraulic fluid was 30, 40, 50 and 60ºC. The diameter 
of the piston used was 25 mm, and the static pressure 
balance ratio η of the slipper found in the following 
expression was 0.03. 
 
 
 
 

RESULTS 
 
Figure 5 illustrates the process for calculating the 
center displacement using the measured displacement 
data. Figure 5 (a) shows all the sampling data for the 
slipper and the rotational disk. Figure 5 (b) shows the 
values obtained by dividing the displacements of the 
slippers and the rotational disk by the corresponding 
data. These are the dimensions of the displacement 
between the slipper and the rotational disk in three 
positions. Figure 5 (c) shows the center displacement 
calculated as the mean of the displacements in the 
three directions.  

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Change in displacement h and supply pressure ps 
(N = 3.33 s-1, tc= 30ºC) 
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Figure 6 shows the influence of supply pressure ps and 
rotational speed N on the center displacement as the 
oil temperature tc = 30 ºC. As the supply pressure ps 
increased, the displacement h decreased. As the 
rotational speed N = 0 s-1, the center displacement h 
was negative because high pressure caused the slipper 
deformation. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6 Influences of supply pressure ps and rotational speed N  
on center displacement (tc= 30ºC) 

 
 

Figure 7 and 8 show the effect of rotational speed N 
and ps on the center displacement h under low (tc = 30 
ºC) and high (tc = 60 ºC) oil temperatures, respectively. 
The displacement h was large at low oil temperatures, 
due to the contribution of the hydrodynamic effect 
based on oil viscosity; the viscosity was higher at 
lower oil temperature. The center displacement h 
increased with rotational speed N, because a 
hydrodynamic (wedge) effect is obtained as a result of 
the rotation of the rotational disk. The force of the 
piston assemblies pushing the slippers to the rotating 
disk at higher supply pressure was larger than that at 
lower; hence, the slipper was compressed onto the disk 
and the displacement became smaller. As supply 
pressure ps increased, the displacement h tended to 
decrease the effect by rotational speed N. 
Figure 9 and 10 show the effects of rotational speed N 
and supply pressure ps on tilt angle α under low (tc = 
30 ºC) and high (tc = 60 ºC) oil temperatures, 
respectively. As the supply pressure ps increased, the 
tilt angle α became small, indicating that the pad 
inclination was suppressed by the acting load. As the 
rotational speed N increased, the tilt angle α became 
large, owing to the hydrodynamic effect. This trend 
was a remarkable at high oil temperature. 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 7 Influence of supply pressure ps and rotational speed N 
 on central displacement h (tc = 30 ºC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8 Influence of supply pressure ps and rotational speed N  
on central displacement h (tc = 60 ºC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9 Effect of supply pressure ps and rotational speed N  
on tilt angle α (tc = 30 ºC) 
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Figure 10 Effect of supply pressure ps and rotational speed N  
on tilt angle α (tc = 60 ºC) 

 
Figure 11 and 12 show the effects of rotational speed 
N and supply pressure ps on azimuth angle φ under 
low (tc = 30 ºC) and high (tc = 60 ºC) oil temperatures, 
respectively. The azimuth angle means the slipper pad 
direction of the maximum clearance. The azimuth 
angle φ is expressed with the clockwise direction 
being positive. The φ = 180 º was toward the center of 
the rotational disk from the center of test slipper, and 
the φ = 0 º was the opposite. As the supply pressure ps 
increased, the azimuth angle φ was rather decreased, 
and vice versa. 
Figure 13 and 14 show the effects of rotational speed 
N and supply pressure ps on the frictional torque T 
under low (tc = 30 ºC) and high (tc = 60 ºC) oil 
temperatures, respectively. As the supply pressure ps 
increased, the frictional torque increased. At the low 
oil temperature, the frictional torque T tended to be 
lower depending on the rotational speed N; on the 
other, at the high oil temperature, this trend was not.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 11 Effect of supply pressure ps and rotational speed N 
 on azimuth angle φ (tc = 30 ºC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 12 Effect of supply pressure ps and rotational speed N  
on azimuth angle φ (tc = 60 ºC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 13 Effect of supply pressure ps and rotational speed N 
 on friction torque T  (tc = 30 ºC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 14 Effect of supply pressure ps and rotational speed N 
 on friction torque T  (tc = 60 ºC) 
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At fast and high oil temperature condition, the high 
torque was estimated caused by the low displacement 
due to the lower viscosity. 
 

CONCLUSIONS 
 
The behavior of the slippers used in swashplate-type 
piston motors was measured in a slipper test rig. The 
experiment was carried out under the conditions of a 
maximum supply pressure of 35 MPa and a maximum 
rotational speed of 26.6 s−1. The following results were 
obtained. i) As the supply pressure increased, the 
displacement between the slippers and the disk, the 
slipper tilt angle and the slipper azimuth angle 
decreased, and the frictional torque increased. ii) As 
the rotational speed increased, the displacement and 
the tilt angle increased. iii) As the oil temperature 
increases, the displacement decreased and the tilt angle 
increased. 
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ABSTRACT 

The conception of raising dynamic stiffness of electro hydraulic position servo system by flow feedforward compensation 
is put forward. First, the elementary principle of maintaining piston position unchanged under sudden external force load 
change by charging additional oil volume is analyzed. Then, a scheme using double servo valves to realize flow 
feedforward compensation is presented, in which another servo valve is adopted specially to compensate the compressed 
oil volume in time. The two valves are arranged in parallel to control the cylinder jointly. Furthermore, the model of the 
flow feedforward compensation is derived, which is the key technique of this scheme. Using co-simulation of AMESim 
and Simulink, simulations are conducted under sudden external load force. And the results show that system dynamic 
load stiffness is improved with decreased maximal dynamic position deviation and shorted settling time. 

KEY WORDS

Electro-hydraulic servo system, Flow feedforward compensation, Dynamic load stiffness, Double valves actuation 

INTRODUCTION

In electro-hydraulic servo system application cases with 
large load force impact, in order to improve finished 
product rate and diminish the equipment vibration caused 
by the impact, not only high steady state control precision 
is required, but also high dynamic load stiffness is 
demanded. Let us consider the hydraulic screw-down 

* Corresponding author. E-mail: quanlong@tyut.edu.cn  
This project is supported by National Natural Science 
Foundation of China (Grant No. 51075291)

system in a steel rolling mill. The rolls, which process 
steel, are subjected to large load changes or disturbances. 
As a steel bar approaches the rolls, the rolls are empty. 
However, when the bar engages in the rolls, the load on 
the rolls increases immediately to a large value. So a 
considerable abrupt force load change is exerted on the 
hydraulic screw-down system, which leads to the piston 
position of the hydraulic actuator seriously deviated from 
the desired point. Plus its high travel speed, the steel 
plate’s head length beyond the permissible error is very 
long, which leads to higher fault product rate. Moreover, a 
greater impact is imposed on the mill equipment, which 
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causes system vibration and therefore shortens the 
equipment lifespan.  
Researchers in Institute for Fluid Power Drives and 
Controls in RWTH Aachen University have been devoted 
to increasing the dynamic load stiffness by changing 
system structure. They amounted a piezo-actuator in the 
piston rod of the hydraulic cylinder specially to generate 
counterforce to balance the external force [1-2]. They also 
developed a hybrid valve, of which the sleeve is actuated 
by a piezo actuator [3]. With movable spool and sleeve in 
reverse directions, the valve’s dynamic characteristics can 
be improved in the range of small valve openings. They 
utilized this hybrid valve in the position control system 
to improve the dynamic stiffness. With the above 
mentioned methods, the dynamic stiffness can be 
improved under given conditions. The first one can only 
be used in small load force cases owing to the limited 
driving force of the piezo actuator. The second one makes 
the valve’s structure complicated, especially in large flow 
cases.
More research works on improving the performance 
against force disturbance are focused on the use of 
different control theories, such as adaptive backstepping 
sliding mode control[4], adaptive control[5], immune 
PID[6], delay control based on evolution strategies[7], 
fuzzy control[8], H  robust control[9], and so forth.  No 
matter which control theory is adopted, essentially the 
control accuracy and load stiffness is improved by 
increasing the open-loop dc gain. It is well known that 
low stiffness of the hydraulic system is owing to the 
compressibility of the oil. When a sudden force change is 
exerted on the system, the oil will be compressed and a 
position deviation will be caused. And to make the 
system return to the desired position, the compressed oil 
volume must be charged. But for the closed-loop control 
system regulating according to the error, it’s difficult to 
charge enough oil in short time with limited gain. So the 
dynamic performance against disturbance and the 
dynamic load stiffness can’t be improved evidently by 
advanced control algorithms.  
In this paper, based on the essential reason of low 
stiffness of the electro hydraulic position servo system, 
the conception of raising dynamic stiffness by flow 
feedforward compensation is put forward. According to 
the detected force magnitude in real time, an appropriate 
amount of oil is charged as fast as possible by flow 
feedforward compensation. The new method is suitable 
for different magnitudes of force load and the valves 
existed in the markets can meet the requirement. 

PRINCIPLE OF DYNAMIC STIFFNESS 

IMPROVEMENT BY FLOW COMPENSATION 

Basic principle

The working process schematic of the hydraulic 
differential cylinder disturbed by external force is shown 
in Figure 1. A, V and p represent effective area of the 

piston, volume of the chamber and oil pressure in the 
chamber, respectively. And subscript 1 and 2 are used to 
distinguish variables of the two chambers. x denotes 
displacement of the piston. FL is external force load. 

x

A1,V1,p10

A2,V2,p20

Chamber 2

Chamber 1

FL

1

11,
p

VA 22 ,VA

x

A2,V2

p20

111 ,, pVA
FL

(a)

(b)

(c)

111 ,, pVA
FL

(d) 22,VA

2p

2p

 (a) Two plugged chambers, without external force.  
(b) Two plugged chambers, with external force. 

 (c) One charged chamber and one plugged chamber, with 
external force. 

 (d) One charged chamber and one discharged chamber, 
with external force.

Figure 1  Working process schematic of hydraulic 
differential cylinder 

In Figure 1(a), the two chambers are full of high pressure 
oil and the oil ports are plugged. In steady state, the 
actuator piston stays in a certain position and the 
pressures in the two chambers are represented by p10 and 
p20. When an external force FL is exerted (see Figure 1(b)), 
the actuator gets balanced in another piston position, and 
the displacement change is denoted by x. For chamber 1, 
the volume is dwindled and the pressure is upgraded 
owing to oil compression. For chamber 2, in contrary, the 
volume is expanded and the pressure is degraded due to 
oil release. Thereby, the corresponding driving force is 
produced to balance the external force. 
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If chamber 1 is opened and is charged and chamber 2 is 
still kept plugged, the piston could return to the original 
position by charging an appropriate amount of oil, as 
shown in Figure 1(c). In this case, the pressure in 
chamber 2 is unchanged and still is p20 and that in 
chamber 1 is upgraded to . Similarly, if chamber 1 is 
plugged, and chamber 2 is opened and is discharged, the 
piston could also return to the original position. If 
chamber 1 is charged and chamber 2 is discharged 
simultaneously under the control of a servo valve, the 
piston could also be actuated back to the initial position 
when an external force is imposed, as shown in Figure 
1(d). But in this case, the pressures in both chambers are 
different from those in other conditions and will be 
discussed in the following section.  

1p

In summary, when a hydraulic actuator in equilibrium 
state is disturbed by an external force, the corresponding 
counterforce can be generated and the piston can be kept 
in the original position by charging oil to the 
pressure-down chamber or by discharging the pressure- 
up chamber. 
For the electro-hydraulic position servo system with 
closed-loop feedback control, when the external force 
disturbance is applied, the actual position deviates from 
the desired position, and then the controller generates 
adjusting output according to the position error to 
maintain the prescribed position. The controller takes 
effect only after the position is deviated, so the control 
action is lagged. Moreover, to quickly build the 
counterforce against the force disturbance, large 
controller gain is required to yield large control value 
when the error is small, which is not possible owing to 
the limitation of stability. Therefore, the dynamic settling 
time is long and the dynamic error is large when the 
system is disturbed by external force, that is, the 
dynamic stiffness is poor. 
To improve the dynamic stiffness, according to the 
operating process of the hydraulic actuator disturbed by 
external force, it is necessary to charge or discharge a 
certain amount of oil as soon as possible when force 
disturbance appears. So, on the basis of the regular 
electro-hydraulic position servo system, flow 
feedforward compensation is suggested. Its function is to 
charge or discharge a certain amount of oil quickly 
according to the magnitude of the load force.  

Realization scheme

The prerequisite to improve the electro-hydraulic servo 
system performance against force disturbance by flow 
feedforward compensation is “rapid compensation”, 
which is to make sure that the needed oil volume is 
charged before large position error occurs. 
The step response curves of the servo valve D634 and 
D765 made in Moog Inc. are shown in Figure 2 and 3. In 
our study, the rated flow of the selected D634 and D765 
is 100 L/min and 38 L/min respectively, with full valve 

opening and under the rated pressure drop 3.5 MPa. 
From Figure 2 and 3, when 20 L/min flow is through the 
two valves under pressure drop 3.5 MPa, the response 
time of D634 (20% of the total stroke) is 7 ms and that of 
D765 (52.5% of the total stroke) is 1.5 ms. It can be 
concluded that the response time of the ordinary valve 
D634 is much longer than the fast-response valve D765 
in the case of small flow. Evidently, D634 can not meet 
the requirement of “fast compensation”, and D765 can 
be used for flow feedforward compensation. 
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Figure 2  Step response of servo valve D634 
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Figure 3  Step response of servo valve D765 

But due to its small rated flow, the fast-response valve 
D765 can not replace the regular large-flow servo valve 
in the position servo system. So double valves-control 
scheme is put forward to realize flow feedforward 
compensation, with which a fast-response valve for flow 
compensation is added to the regular electro-hydraulic 
position control system. The schematic diagram of the 
double valves-controlled hydraulic position servo system 
with flow compensation is shown in Figure 4. The 
system is mainly composed of three parts: position 
closed loop control, flow feedforward compensation and 
force load compensation. 
The compensation servo valve is specially used to control 
the compensation oil flow, which is arranged in parallel 
with the main servo valve.  
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Figure 4  Schematic diagram of double valves-controlled 
electro-hydraulic position servo system 

 with flow compensation 

Proportional control algorithm is used in position 
closed-loop control. With this simple method, the steady 
state error caused by load force couldn’t be reduced. To 
improve control accuracy, force load feedforward 
compensator is adopted. The compensator’s output is the 
valve’s control value uF needed to generate counterforce 
to balance force load, which is added to the command 
signal of the main valve. And the force load compensation 
model can be easily obtained by experimental data fitting 
method. 

FLOW COMPENSATION MODEL 

The key to realize flow compensation is to design the 
compensation model which reflects the relationship 
between the command signal of the compensation valve 
and the magnitude of the load. In this section, the 
compensation model in the simple case only with flow 
feedforward control is discussed firstly. On this basis, the 
compensation model is obtained by considering the 
effects of the feedback control. 

Simple case 

For the case that one chamber of the actuator is plugged 
and the other is controlled by a servo valve, the piston 
position can be kept unchanged under external force, see 
Figure 1(c). For this simple case, we analyze the required 
charging oil volume first, and then determine the 
command signal of the compensation valve. 
Suppose the volume change of chamber 1 from Figure 
1(a) to Figure 1(c) is V1. From Figure 1(a) and Figure 1 
(c), the following expression can be obtained 

0202101

20211

pApA
FpApA L (1)

For the sealed chamber 1, the pressure can be upgraded 
from p10 to  by decreasing its volume and 
compressing the oil. And the piston displacement 
deviation x should follow the formula 

1p

)'( 101
1

1 pp
A

Vx
e

 (2) 

And the dwindled volume can be expressed as 

)'(|| 101
1

11 ppVxAV
e

 (3) 

Where e is the equivalent bulk modulus of the oil. 
The pressure in the sealed chamber 1 can also be 
upgraded from p10 to 1p  by charging high pressure oil 
without changing the volume (see Figure1(c)). In this 
case, the oil volume of chamber 1 can be considered as 
two parts: the compressed oil and the charged oil. If the 
pressure of the charged oil is , the charged oil volume
should be equal to the dwindled volume V1 expressed by 
equation (3). 

1p

From equation (1), the following equation can be derived 

)'( 1011L ppAF  (4) 
Substitute equation (4) in equation (3), yields  

1

1L
1 A

VFV
e

 (5) 

The oil volume needed to charge into the chamber to keep 
the piston position unchanged under external force can be 
obtained from equation (5).  
The control signal of the servo valve to charge oil volume 
of V1 into the chamber 1 is determined in the following. 
To meet the requirement of fast compensation, pulse 
signal is adopted as valve’s command signal. The signal’s 
amplitude and width are represented by Uv and t
respectively.  
Port A of the servo valve is connected to chamber 1, so its 
flow equation can be expressed as 

N

1s
NvA p

ppQuQ  (6) 

Hence, the oil volume through port A is 

0 N

1s
NvA

t
dt

p
ppQuV  (7) 

Where pN is the rated valve pressure drop [MPa], ps is 
the pressure in port P [MPa], QN is the rated valve flow 
[m3/s], uv is the command signal of the valve (-1 uv 1). 
As a pulse signal, uv can be expressed as 

others
ttttU

u
0

00v
v  (8) 
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If the fluctuation of the pressure in chamber 1 and the 
supply pressure ps is ignored, and the pressure in chamber 
1 is kept at , substituting equation (8) into equation (7) 
yields 

1p

tU
p

ppQ
V v

N

1sN
A

'
 (9) 

The oil volume charged into chamber 1 is equal to that 
flowing through port A, so 

1A VV  (10) 

Substituting equation (5) and (9) into (10), the 
relationship between the amplitude Uv and the width t of 
the pulse command signal of the servo valve can be 
deduced as follows 

1sN1

N1L
v ppQA

pVF
tU

e

 (11) 

Just like that in pushing force, in the case of pulling force 
(FL<0), chamber 1 is plugged and chamber 2 is 
controlled by the servo valve. And port B of the valve is 
connected to chamber 2. The relationship between the 
amplitude Uv and the width t of the pulse command 
signal can be deduced similarly as follows 

2sN2

N2L
v ppQA

pVF
tU

e

 (12) 

Where  represents the steady-state pressure of 
chamber 2 with external pulling force FL.

2p

Equation (11) and equation (12) show that the product of 
the amplitude and the width of the valve’s pulse command 
signal is a constant for a given external force. 

Flow compensation model 

For the proposed electro-hydraulic servo system shown 
in Figure 4, when external force is exerted, not only the 
flow feedforward compensation takes effects, but also 
the feedback control does. Moreover, the two chambers 
are controlled by the compensation valve simultaneously. 
So equation (11) and equation (12) need to be modified. 
First consider the case of FL>0. 
Figure 1(d) is used to discuss the situation that two 
chambers are controlled by a servo valve. When chamber 
1 is charged to upgrade its pressure to reject external 
force, chamber 2 will be discharged and its pressure will 
be decreased. So the steady-state pressure 2p  is less 
than p20. Compared with the case that one chamber is 

controlled, the pressure increment in chamber 1 needed to 
reject load force is decreased and the charging oil volume 
should also be reduced.  
In addition, with position deviation caused by force load, 
closed-loop position control also takes actions through the 
main servo valve. Hence, compared with the system in 
Figure 1(d), for the system shown in Figure 4, the 
compensation oil volume to chamber 1 should be 
reduced. 
Therefore, the extra oil volume injected by flow 
feedforwad compensation should be less than the 
calculated results by equation (5). This is taken into 
consideration by modifying equation (10) as 

1A VV  (13) 

where 0< <1.
Moreover, the pressure in chamber 1 does not remain 
unchanged during oil charging process by compensation 
valve. But its value varies from lower than 1p  to higher 
than 1p , so the average value can be considered as 1p
approximately. Therefore, the assumption that the 
pressure in chamber 1 is kept at constant 1p  is 
reasonable and equation (9) can still be adopted by 
replacing 1p  with 1p . Thus, equation (11) can be 
modified as 

1sN1

N1L
v

ppQA
pVF

tU
e

 (14) 0LF

Similarly, equation (12) can be modified as 

2sN2

N2L
v

ppQA

pVF
tU

e

 (15) 0LF

where 0< <1. 
Equation (14) and (15) illustrate that the product of the 
amplitude Uv and width t of the valve’s pulse command 
signal depends on external force magnitude and piston 
position. And this value is constant for a given external 
force and piston position. 

Simulations 

Using AMESim and Simulink co-simulation, the scheme 
proposed above is verified. Hydraulic system model is 
constructed in AMESim according to the double-valves 
control principle shown in Figure 4. The parameters of 
the cylinder are 63 mm piston diameter, 45 mm piston rod 
diameter and 300 mm total stroke. The main servo valve 
and the compensation servo valve are regular valve D634 
and fast-response valve D765 made in Moog Inc. In 
simulation experiments, the proportional factor of the 
position controller is 12 1/m. 
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Figure 5 gives the response curves under a sudden change 
force load of 20 kN, including the exerted force load 
curve, the pulse command signal of the compensation 
valve, the compensating flow curve and the piston 
displacement curve. In simulation, the amplitude Uv and 
width t of the valve’s pulse command signal is 1 and 
0.005 s respectively. To compare, the displacement 
response curve without flow compensator is also given in 
Figure 5 
From Figure 5 it can be seen that the max dynamic 
position deviation with flow compensation is almost 50% 
of that without flow compensation. That is, dynamic 
stiffness is largely improved by the flow compensation.  
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Figure 5  Response curves with sudden load change 

DETERMINATION OF THE PUSLE 

CONTROL SIGNAL 

Performance index against disturbance 

In general, for disturbance input, dynamic performance is 
measured by maximal dynamic error and settling time. 
Since flow feedforward compensation control is adopted 
in the system under consideration, the second dynamic 
peak absolute error B2 may be more large and even over 
the first peak absolute error B1. The definition of B1 and B2
is shown in Figure 6. Hence, the comprehensive index 
SAE (sum of absolute error) is used to measure the 
dynamic performance against disturbance. 
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Figure 6  Response curves with different pulse signals 

With the same load change, simulations are carried out 
under different pulse signals. Response curves are given 
in Figure 6. SAEs corresponding to curve 1 to 4 are 
113.58 mm, 69.112 mm, 56.145 mm and 73.057 mm, 
respectively. Comparing the four curves, we can conclude 
that curve 3 has good performance for its smaller B1 and 
B2 and shorter settling time. And its SAE is the smallest. 
Evidently, adopting SAE as performance index is suitable. 

Verification of the compensation model 

Pulse signal calculation equation (14) and (15) will be 
verified by simulation experiments in the following. 
When piston position x is 200 mm and external force FL is 
20 kN, according to equation (14) there exists  

3
v 1076.8tU

Let =0.6, then 005.0v tU .
At the piston position x=200mm, for the same load change 
and with Uv=1, simulations are carried out with different 

t, including 0.003 s, 0.005 s and 0.008 s. Response 
curves are shown in Figure 7 and the corresponding SAEs 
are 60.46 mm, 48.21 mm and 59.96 mm, respectively. For 

t = 0.003s, t·Uv = 0.003, SAE is the largest and B1 is the 
largest too. This manifests that the injecting oil volume is 
less than that needed to reject load force, which is called 
under-compensation. For t = 0.008s, t·Uv = 0.008, B1 is 
the smallest, but B2 is the largest and the SAE is also more 
larger, nearly equal to that with t = 0.003s. This indicates 
the injecting oil volume exceeds that needed, which is 
called over-compensation. For t = 0.005s, t·Uv = 0.005, 
both B1 and B2 are smaller and SAE is the smallest, and 
settling time is the shortest. This suggests that the 
injecting oil volume approaches to that needed. 
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Figure 7  Response curves with different t
and identical Uv

The analysis above shows that the system has good 
transient performance against disturbance when t·Uv is 
equal to the calculated value. This conclusion just verifies 
the correctness of equation (14) and (15). The factors that 
affect  or  are complex, including piston position, 
position controller’s proportional coefficient, operating 
pressure and so on. So  or can’t be defined exactly. We 
suggest the values range between 0.5 and 0.9. Thus the 
appropriate value of t·Uv is also not a determined value 
but just in a range. 

Determination rules of pulse command signal  

With the determined product value of amplitude Uv and 
width t of the valve’s pulse command signal, the 
determination rules of Uv and t are discussed in this 
section. 
Rule 1: to inject compensation oil as quickly as possible, 
the amplitude of pulse signal should be large, and the 
width should be small.
According to the above section, as piston position x is 200 
mm and external force FL is 20 kN, good control 
performance can be achieved with t·Uv = 0.005. Figure 8 
gives response curves with different ( t, Uv) pairs, 
including (1, 0.005 s), (0.5, 0.01 s) and (0.25 0.02 s). 
And the corresponding SAEs are 48.21 mm, 55.19 mm 
and 63.98 mm. 
It can be concluded that the performance is different with 
different Uv even with same t·Uv. When the amplitude 
Uv takes the maximal value, i.e. Uv = 1, both the first peak 
absolute error B1 and the second one B2 are the smallest 
and the SAE is also the smallest, which shows that the 
control performance is the best. 

Figure 8  Response curves with same t·Uv
and different Uv

Rule 2: considering sampling time and response speed of 
compensation servo valve, the minimal width of the pulse 
signal is limited. Here 0.003 s is taken as minimal pulse 
width. 
For small t·Uv, if let Uv=1 in terms of rule 1, then t will 
be very small. For instance, when piston position x is 20 
mm and external force FL is 10 kN, equation (14) yields  

3
v 10229.2tU

Let =0.8, then 0018.0v tU
Figure 9 shows response curves with (Uv, t) pairs as (1, 
0.002 s), (0.6, 0.003 s) and (0.45, 0.004 s), and the 
corresponding SAEs are 16.27 mm, 12.2 mm and 12.86 
mm. 
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Figure 9  Response curves with smaller t·Uv
and different t·

It can be seen that with t = 0.002s and Uv = 1, the best 
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control performance cannot be obtained. The reason is 
that the actual injecting oil volume is less than the 
expected since the desired opening of the servo valve 
couldn’t be completely opened due to shorter pulse 
actuating time, though the actual value of t·Uv is larger 
than the calculated value. With t = 0.003 s and Uv = 0.6, 
better performance can be obtained. But with t = 0.004 s 
and Uv = 0.45, the performance is a little worse than the 
former. Thus rule 1 is further proved. 
Rule 3: if injecting oil process continues after the first 
peak time, the second peak error would be increased, and 
the control performance would get worse. Hence the 
maximal width of the pulse signal is also limited and 
should be shorter than the first peak time. 
With rule 3 when the calculated width of the pulse signal 
exceeds the maximum, the practical width will take the 
maximal value. Thus, the practical injection oil volume 
will be less than the expected and under-compensation 
will occur, which would affect the control performance. 
Therefore, when selecting compensation servo valve, the 
capacity to charge the required oil volume during the 
limited pulse actuating time under maximal load force 
should be considered.  

CONCLUSIONS 

Based on the principle of rejecting force load by injecting 
extra high-pressure oil, the conception of double 
valves-controlled electro-hydraulic position servo system 
with flow feedforward compensation is proposed. The 
product expression of the amplitude and width of the 
compensation servo valve’s pulse command signal, that is, 
flow compensation model is derived and its correctness is 
verified by simulations. Three determination rules of the 
amplitude and the width of the pulse signal are concluded 
by analysis and simulations. Simulation results show that 
dynamic load stiffness can be improved with this scheme. 
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ABSTRACT 

Annular casing can be adopted to achieve higher strength, better processability and easier inspection than the volute 
casing. Since there is enough space between the impeller discharge and the casing, diffuser vanes can be assembled in 
the casing, help to transform the velocity energy into pressure. The hydraulic effect of vanes in the annular casing is 
then studied by means of fluid dynamic calculations.  
Cases are carried out involving the variation of the number of vanes, the wrapping angle, the attack angle and the 
circumferential distribution of vanes and are compared with the case without diffuser vanes. Surprisingly, the results 
reveal that the adopting of diffuser vanes has negative effect on the hydraulic efficiency in the annular casing. From the 
velocity distributions we find the reason lies in that since the volute tongue area is very large, there exists a large 
recirculation flow region in the casing, and vanes in this region will hinder the flow back to the outlet. 

KEY WORDS

Annular Casing; Diffuser Vane; Hydraulic Efficiency 

INTRODUCTION

The structure of water pumps usually consists of an 
extruding chamber, which is used to gather water and 
convert high velocity kinetic energy of the flow from the 
impeller discharge to pressure in order to minimize the 
hydraulic loss [1]. Annular casing is one type of 
extruding chamber, and due to its structural symmetry, 
can be adopted to achieve higher strength, better 
processability and easier inspection than the popular 
volute casing. However, the hydraulic efficiency of 
annular casing is usually much lower than that of volute 

casing, due to the severe impacting of the constant flow 
from the impeller to the mean flow in the annular casing  

whose velocity varies as it passes though the casing[2].
Since there is enough space between the impeller 
discharge and the casing, diffuser vanes can be 
assembled in the casing, in order to weaken this kind of 
velocity impacting, and help to change the velocity 
energy into pressure. Its overall hydraulic effect is 
studied in this paper by means of fluid dynamic 
calculations.
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MODEL

Since the blades are rotating with a high speed, the 
time-averaging velocity profile can be treated as uniform 
at the outlet of the blades i.e. the inlet of the vanes. Then, 
if we focus our attention on the flow in the casing, the 
blades can be omitted, and a uniform velocity inlet 
boundary can be used. Besides, the problem can be 
reduced to 2-D if the side effects of the vanes are 
neglected. Hence the following geometry without 
diffuser vanes is drawn (Fig.1).  

Fig.1 sketch of the simplified geometry without diffuser 
vanes. 

The steady state of the flow in the casing is under study, 
and since water is pumped, incompressibility is assumed. 
Then the continuity equation under the Cartesian 
coordinates writes 

0i

i

u
x

 (1) 

where ui is the xi component of velocity. And the 
momentum equation is  

21i i
k

k i k k

u upu
x x x x

 (2) 

where p is the static pressure and  is the dynamic 
viscosity.  
In addition, due to the turbulence of the flow, the 
standard k-  turbulent model with the standard wall 
function is adopted. 
The boundary conditions are set as follows: at the inlet, 
uniform velocity is set with the radial component 
Vr=V·sin , and the circumferential component Vt=V·cos ,
where V is the magnitude of discharging velocity from 
the impeller which is set to be 10m/s throughout the 
calculations, and  is the tangent flow angle, which is set 
to be 20 degree in the calculations; at the outlet, pressure 
boundary condition is used; at the wall, no slip boundary 
condition is set. 

The fluid region is discretized using the quadrilateral 
elements with the pave scheme. The above problem can 
be directly solved by means of the commercial software 
FLUENT. 

RESULTS and DISCUSSION

To investigate the hydraulic effects of the diffuser vanes, 
various factors are involved in, namely the number of 
vanes, the wrapping angle, the attack angle and the 
circumferential distribution of vanes.  
Throughout of the investigation, the case without 
diffuser vanes is used as the reference. The flow without 
diffuser vanes is shown in Fig.2, and the hydraulic loss is 
4.9m. From the velocity distribution we can figure out 
that there exists a large recirculation region in the casing. 

Fig.2 the velocity distribution without diffuser vanes, 
used as the reference. 

Variation of the number of diffuser vanes 

Two cases are carried out with the number of diffuser 
vanes of 7 and 17 respectively. The vane is designed as a 
logarithmic spiral and no flow attack at the inlet. The 
wrap angle of each vane is chosen to be 20 degree. The 
vanes are mounted equidistantly along the circumferen- 
tial direction.  
The velocity distribution of the two cases is shown in 
Fig.3, and the hydraulic loss is 5.6m and 6.8m 
respectively, all of which is higher than the reference 
(Fig.2).  
From the velocity distributions, we can see that in the 
guide region, where flow passes through the vanes, the 
flow is much more uniform. However, the recirculation 
region still exists, in which the vanes hinder the flow 
back to the outlet. More the number of vanes, more 
serious of hindered. 
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Fig.3 the velocity distribution with the number of vanes 
varied: (a) 7 vanes; (b) 17 vanes. 

Variation of the wrap angle of diffuser vanes

Two wrap angles are chosen, 10 and 30 degree 
respectively. The larger the wrap angle, the longer the 
vane. The velocity distributions shown in Fig.4 reveal 
that with the increase of wrap angle the guide region of 
the flow is enlarged, however, the flow in the 
recirculation region is hindered more seriously. The 
hydraulic loss is found to be 5.4m and 6.6m respectively, 
still higher than the reference (Fig.2). 

Fig. 4 the velocity distribution with the wrap angle 
varied: (a) 10 degree; (b) 30 degree. 

Variation of the attack angle 

The attack angle is determined by the difference of the 
inlet flow angle and the vane stagger angle. Two attack 
angles are chosen, -10 and 10 degree respectively. The 
velocity distributions shown in Fig.5 reveal that with the 
increase of attack angle the guide region of the flow is 
enlarged as well, however, the flow in the recirculation 
region is hindered more seriously. The hydraulic loss is 
found to be 6.4m and 8.0 m respectively, much higher 
than the reference (Fig.2) and the case without attack 
(Fig.3a). 

Fig.5 the velocity distribution with the attack angle 
varied: (a) -10 degree; (b) 10. 

Variation of the circumferential distribution 

The diffuser vanes are generally assembled equispaced 

(a)

(b)

(a)

(b)

(a)

(b)
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circumferentially. Here we consider two special cases 
where the vanes are assembled as a geometric sequence 
along the circumferential direction; one common ratio is 
0.9, and the other is 1.1.  
The velocity distributions shown in Fig.6 reveal that the 
larger the common ratio, the more number of vanes will 
appear in the recirculation region, then the flow is 
hindered more seriously. The hydraulic loss is 5.5m and 
5.9m respectively, still higher than the reference (Fig.2). 

Fig.6 the velocity distribution with the circumferential 
common ratio varied: (a) 0.9; (b) 1.1. 

CONCLUSION 

The hydraulic effect of diffuser vanes in the annular 
casing is studied by means of fluid dynamic calculations. 
Cases are carried out involving the variation of the 
number of vanes, the wrapping angle, the attack angle 
and the circumferential distribution of vanes and are 
compared with the case without diffuser vanes.  
Despite the flow is even in the guide region, the overall 
flow becomes surprisingly much worse. From the 
velocity distributions we find that there is a large 
recirculation flow region in the casing due to the large 
area of volute tongue. Hence the vanes in the 
recirculation region will hinder the flow back to the 
outlet. Therefore the hydraulic loss increases.  
Through the numeric experiments we get to the point 
that for the annular casing we considered it’s not suitable 
to add diffuser vanes in the casing. However, for the case 

where no recirculation region exists, there’s still the 
possibility that the adopting of diffuser vanes will 
enhance the overall hydraulic performance. 
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ABSTRACT

Modern design of the axial piston pump/motor, based on computer aided design, requires description of all processes 
and parameters in the pump/motor. The hydrodynamic and dynamic processes in the axial piston pump (cylinder, intake 
and discharge chambers, discharge valve, and high pressure pipeline) are very complex, so they demand a thorough 
physical and mathematical analysis. Compression losses, which are caused by sudden pressure changes in the cylinders 
of cylinder block, result in energy loss and increased noise. The compression losses can be decreased by identification 
of optimal dimensions and shapes of the port at the valve plate. The experimental research is based on the ultra speed 
measurement system, mathematical modeling of non-stationary high dynamic processes, and optimization method. The 
paper also includes the analysis of the influence of working and design parameters of the axial piston pump/motor on 
the position of intake and discharge ports of the valve plate. To solve the problem the special program (AKSIP) has 
been developed and presented in the paper.

KEY WORDS

Piston pump, dynamic processes, experiment

NOMENCLATURE

A1 - geometrical flow section of the intake pipe
1 - flow coefficient of the intake pipe

Au- geometrical flow section of the intake split organ
u - flow coefficient

E - modulus of elasticity

- the driving shaft angle

kx - immediate displacement of the piston
zc - the numbers of cylinders
A2 - geometrical flow section of the discharge pipe line

cD - diameter of cylinder

r - radial clearance between the piston and the 
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cylinder
- dynamic viscosity
kx - immediate displacement of the piston

pc - the pressure in the cylinder
ps - the pressure in the intake space

c - the density of the fluid in the cylinder
– density of fluid per cross section of the pipe

w – velocity of fluid per cross section of the pipe
rf – friction force per mass unit

1. MATHEMATICAL MODEL OF A PUMP 

PROCESS

Mathematical model is given for each element, 
considering the complexly of some processes and their 
mutual dependence as well as the need for further 
mathematical modeling [1] to [2].
This makes programming module and their further 
improvement and monitoring much easier [1]. Piston 
axial pump are shown in Fig. 1.
Mass flow through the opening 1, on the entrance place 
into the intake space of the pump of fluid, Fig. 1:

         sus ppA
dt

dm 2111
1           (1)

where: 1=1  for pu ps , 1=-1 for  pu < ps                       
Mass flow of fluid through the split pump organ during 
filling one of the pump cylinders:

       cssuuu
u ppA

dt
dm 2         (2)

where: u=1  for ps pc , u = -1 for  ps < pc

Mass balance of the intake space is:

            cz

j

jus

dt
dm

dt
dm

dt
dm

1

,1             (3)          

where: j=1,2,..., zc order number of cylinder, zc the 
numbers of cylinders.
Differential pressure equation in the intake pump space:

       cz

j

ju

ss

s

d
dm

d
dm

V
E

d
dp

1

,1            (4)

Technical data:
- Speed:1000 min-1
- Pressure: 210 bar
- Specific volume: 75cm3
- Number of pistons: 8

Fig. 1. Piston axial pump type PPT 3112. 750.02C/1DL,
Firm PPT, Trstenik, Serbia

1. intake pipe line connection
2. intake space of the pump
3. cylinder block
4. discharge space of the pump
5. discharge pipeline connection
6. piston
7. split panel
8. acute panel
9. the pump shaft
10. in bearing the pump shaft

Differential pressure equation in the pump cylinder:

      
d
dm

d
dmvA

V
E

d
dp iu

c

kc

c

c 1       (5)

Where: 

kccxcxcc xAVVVV ;min - immediate volume of the 

cylinder; 

the change of the volume of the pump cylinder caused 

by piston moving kc
c vA

dt
dV ,
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Mass balance of the discharge space is:

          
dt

dm
dt

dm
dt

dm cz

j

jiv 2

1

,             (6)

where: j=1,2,..., zc order number of cylinder                 
Mass flow streaming out of the discharge space into the 
discharge pipe is:

        nvt ppA
dt

dm 2222
2          (7)

where: 

2=1  for pv pn , 2 = -1 for  pv < pn 

Differential pressure equation in the discharge pump 
space:

           
d
dm

d
dm

V
E

d
dp cz

j

ji

vv

v 2

1

,        (8)

Mass flow through a concentric clearance between the 
cylinder and the piston:

         csc
k

cz pp
x

rD
dt

dm
12

3

      (9)

1.1. Modeling the streaming in the intake and 

discharge pipe line of the pump

During mathematical modeling of a process in a pump, 
it is also necessary to include and consider a series of 
suppositions for a process modeling occurring in the 
intake and discharge pipe line of the pump.
For the most general model the following suppositions 
for streaming of the operational fluid in the intake and 
discharge pipe line are taken and considered:
The fluid streaming is one-dimensional. The pipes are 
of a constant cross section. Temperature and streaming 
fields per cross section of the pipe are homogeneous. 
Velocity vector laps the direction of the axis of the pipe 
at any moment and in any section.
Viscosity friction between some layers of the fluid 
inside the pipe is neglected. The friction forces appear 
on the inside walls of the pipe. 
The processes in the pipes are isentropic. The change of 
entropy caused by friction, heat and mixing of fluid 
parts are neglected. Forces of the field (gravitational, 
magnetic, etc) are neglected.
In the scope of dynamic of one-dimensional streaming, 
such streaming is considered as “non stationary 
streaming in a streaming fiber”.

1.2. Continuity Equations

The equation of continuity of pressed fluid with 
functions p, w, at the isentropic change of the state: 

          02

x
wa

x
pw

t
p

       (10)

where: 

s

pa , the velocity of sound in the fluid, where: 

),( xtpp and ),( xt are functions of time t 

and coordinate x. 

1.3. Momentum Equations

rf
x
p

x
www

x
w

t
w

t
w (11)

2. EXPERIMENTAL TESTING THE PROCESS IN 

THE AXIAL PISTON PUMP

The pressure changes in the cylinder, discharge chamber 
and discharge pipeline were measured within the 
experimental research work. The vibrations of the pump 
housing were also analysed depending on the shaft 
angle. All pressures and vibrations were simultaneously 
measured at cca 0.09o of the pump shaft (exactly 4096 
times per shaft rotation).
The incremental angle sensor is an optical sensor with 
1024 pulses per rotation. The pulses of the angle sensor 
were quadrupled by the interface of the ADS 2000 
system [5]. Thus, 4096 pulses per shaft rotation were 
achieved. Ten consecutive cycles were measured in 
order to repeat the consecutive cycles with the 
continuous performance. At the same time, the period 
from one angle to the next one was also measured in 
order to identify the uniformity of the shaft speed and to 
control the incremental angle sensor.
All analogous signals (pressures, vibrations) were 
simultaneously converted into cipher form by four 
ultraspeed convertors working simultaneously. The total 
number of measured data was (4+1) x 4096 = 20480 per 
rotation, i.e. 204800 for ten consecutive cycles. The 
number 4096 was not chosen by chance; it was chosen 
in order to apply Fast Fourier's Transformation (FFT) of 
measured signals.
The testing was done in the Laboratory for 
Development and Research in College of Applied 
Engineering - Center for Power Control Hydraulics 
(CPCH), which is situated in Trstenik, Serbia and in 
cooperation with the Institute for Motors in the Faculty 
of Mechanical Engineering in Belgrade University. 
The pump was, for the purpose of this experiment 
processed, to ensure that the necessary measuring up 
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converter needed for measuring the characteristic 
parameters of the axial piston pumps with a combined 
distribution of working fluid.

2.1. Testing devices and system for data acquisition 

The axial piston pump was tested by the devices which 
are made especially for this experiment done at the 
testboard in the Laboratory for Development and 
Research.Basic component of the testboard is driving 
electromotor whose power is 137 kW and whose 
number of revolutions and torque are controlled by 
electromotive drive. Figure 2 shows the testboard used 
for testing the characteristic parameters of the axial 
piston pump having the following components: 
electromotor whose power is 137kW,  speed 
1450min-1 ,with controlled number of revolutions(1); 
redactor(2); axial piston pump 3112 -750.020/02, (3); 
angle marker(4); measuring converter of vibrations(5); 
measuring converter of pressure in discharge 
chamber(6); measuring converter of pressure in 
cylinder(7);  system for measuring and acquisition 
ADS 2000 – CADEX(8) 5 .

The following quantities were measured: pressure in the 
cylinder which depends on the angle of driving shaft; 
pressure in the vale chamber which depends on the 
angle of driving shaft; pressure in the discharge pipeline 
which depends on the angle of driving shaft; vibrations 
of the pupm housing which depends on the angle of 
driving shaft; angle of driving shaft; pump flow; 
temperature of working fluid; number of revolutions of 
driving shaft.
Measuring converters of pressure, type P3MA, were 

used to measure pressure. These converters are based on 
measuring tapes and they are made by the company 
‘‘Hottinger’’, Germany; their measuring range is 500bar, 
class of accuracy is 0.1 and transmission range is 100 
kHz. Flow was measured by measuring turbine, type 
RE2 25/180 l/min. Its class of accuracy is 0.4 and it is 
made by the company ''Hydrotechnik'', Germany. 
Incremental sensor, type ROD 426E, made by the 
company ''Heidenhain'', Germany, was used to measure 
the rotation angle of the pump shaft. It has 1024 optical 
markers and its maximum number of rotation is 12000 
min-1. The accelerometer whose measuring range is up 
to 5 m/s2 and is made by the company ''Brüel&Kjaer'', 
Denmark, was used to measure the vibrations of the 
pump housing. 
Ultra speed measuring system ADS 2000-CADEX was 
used for acquisition. The system provides continual 
measurement and calculation of characteristic 
parameters of working cycle in real time. 

The system ADS 2000-CADEX, which is used to 
develop highly dynamic mechanical objects by 
integrated measuring and calculating technique, is based 
on the following components: VME-bus CPU with 
graphics, VME-bus ADC, VME-bus PGA and CDM 
Interface.The processor receives data from A/D 
converter in real time directly in CPU-DRAM. The 
processor simultaneously controls the amplyfing and 
multiplexer cards in real time. The software was 
developed especially for this system in order to measure 

Fig. 2. Testboard used for testing the the axial piston pump
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cyclic and non-cyclic processes with graphical on-line 
display. Statistic processing of measured data is done 
with graphical display. 50.000.000 data were measured 
at maximum speed of 3MHz by 6...12 simultanous A/D 
converters. Up to 4 VME-CPU cards with processors 
Motorola 68020...68060, Intel Pentium, Digital Alpha or 
Motorola Power PC, can be integrated into the system. 
VME-bus ADC contains two A/D converters with 
simultaneous working speed of 2 350 kHz at 1bit and 1 
timer. Start of each conversion is done by pulses of 
angle sensor or timers with hardware registration of 
referent mark of incremental angle sensor in order to 
100% control the proper work of angle sensor in real 
time. It is possible to integrate up to six A/D cards into 
the system. i.e. 12 A/D converters. Two VME-bus ADC 
modules were installed into this system.
VME-bus PGA multiplexer and amplifier modul has six 
fast instrumental amplifiers used for direct connection 
between the sensor and measuring tapes tied in full 
bridge with DC supply of 5V (options 12 or 15). 
Maximum speed of conversion is 150 kHz. Four 
VME-bus PGA modules were integrated in this system. 
The system has an interface for incremental angle 
sensors with DC supply and for multiplying the pulses 
of angle sensor. Up to four interfaces can be integrated 
into the system.
The applied measuring system enables simultaneous 
measuring at four fast analogous canals with parallel 
measuring of time periods from the angle mark to the 
mark of incremental angle sensor.

2.2. Results of measuring of parameters of working 

processes of the piston axial pump

In the scope of performed experimental testing was 
done a measuring of the pressure flow in the cylinder, 
discharge space and intake pipeline as well as vibration 
of the pump housing in dependence of the passed angle 
of the pump shaft. 
All pressures and vibrations were measured completely 
parallel on each cca 0.09o of the pump shaft (exactly 
4.096 times per shaft rotation). 
As incremental giver of the angle an optical giver with 
1024 pulses per rotation was used. Pulses of the giver of 
the angle were 4 times increased by the interface for the 
angle givers on the ADS 2000 system and so 4096 
pulses per shaft rotation were obtained. In order we 
might see the repetitions of the consecutive cycles with 
the unchanged work regime 10 consecutive cycles were 
measured. At the same time, a time interval from angle 
to angle was measured as well in order to determine an 
even angle speed of the shaft and work control of the 
incremental giver of the angle. 
All the analogue signals (pressure, vibrations) were 
converted into cipher form by means of four  ultra 
speed converters working simultaneously (parallel). The 
total number of measured data was (4+1) x 4096 = 

20480 per rotation (cycle), that is, 204800 for ten 
consecutive cycles. The number of samples of 4096 was 
not chosen by chance, but purposely with the aim of the 
application of the fast Furrier’s transformation (FFT) of 
measured signals. Measures were done for seven 
working regimes. 
Fig. 3 7, shows the measured pressure flow for 
individual, that is, ten consecutive cycles of the piston 
axial pump. Big similarity of measured pressures for the 
first of ten consecutive cycles (MERF) in relation to the 
middle of ten consecutive cycles (MERM). 
Fig. 3 show the measured pressure flow in the cylinder 
(pc) for one, that is the middle of ten consecutive cycles 
in the function of the angle of the shaft. The diagram 
shows the visual pressure gradients at the pressure stage 
and expansion as well as the appearance of peaks during 
intake. 
Fig. 3 also show the pressure flow in the discharge 
space ( pv) for one, that is middle of the ten consecutive 
cycles in the function of the angle of the shaft. 
The pressure pulses in the discharge space depend on 
the number of the cylinders what is obvious in this case, 
because it deals with the pump with 8 cylinders. The 
appearance of peaks at the intake stage for one, that is, 
middle of ten consecutive cycles, is shown in Figures 4. 
and 5. 
Figures 6. and 7. present the measured pressure flow in 
the cylinder (pc) for one, that is middle for ten 
consecutive cycles with the aim to analyze in detail the 
gradient growth of pressure at the stage of pressing. The 
same diagram, at the same interval, shows the pressure 
pulses in the discharge space. The Figures 3 7, stand 
for diagrams of measured pressure at the work regime 
n=875.6 min-1 and pc=210 bar.

Fig. 3. The pressure history in the cylinder ( pc )
and delivery chamber ( pv ) for the average cycle
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Fig. 4. The pressure history in the cylinder ( pc )
in the 120o 270o interval for one cycle

Fig. 5. The pressure history in the cylinder ( pc )
in the 120o 270o interval for the average cycle

Fig. 6. The pressure history in the cylinder ( pc )
and delivery chamber ( pv ) in 278o 307o interval for 

one cycle

Fig. 7. The pressure history in the cylinder (pc )
and delivery chamber ( pv ) in 278o 307o interval for 

the average cycle

3. CONCLUSION

It is not possible to give a precise determination of 
parameters of hydrodynamic processes of a piston axial 
pump neither experimentally nor by a mere 
mathematical modeling only. Sufficiently exact 
parameters can be obtained by combining the 
application of measuring the pressure flow in the 
cylinder, mathematical modeling of a real 
hydrodynamic process and the method of nonlinear 
optimization which enables, at the same time, the 
determination of systemic measuring errors and 
unknown parameters. The computer AKSIP program 
gives possibilities to combine 56 influential pump 
parameters in order to achieve optimal solution, in 
regard to flow losses, flow inlet etc. Further research is 
possible in the construction of the piston-axial pumps 
with a bent cylinder block and splitting of working fluid 
by means of a split panel. Mathematical model would 
be, in that case, expanded by a dynamic cylinder block 
and hydrodynamic processes in clearances between the 
cylinder block and the split panel. General conclusions 
of the presented results relate to all tested working 
regimes of the axial piston pump. It is not possible to 
define precisely the parameters of hydrodynamic 
processes in the axial piston pump by experiments only, 
or by mathematical modeling only. Precise parameters 
can be obtained if the following methods are combined: 
measurement of pressure changes in the cylinder, 
mathematical modeling of real hydrodynamic process 
and nonlinear optimization. At the same time, 
systematic errors of measuring and unknown parameters 
can be defined this way.
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ABSTRACT

Air bubbles in working oil influence stiffness and efficiency of hydraulic systems, thus it is important for technical 
issues to eliminate the air bubbles actively from the hydraulic oil. Bubble eliminator is a device that removes air 
bubbles by using a swirling flow. In this paper, we investigate flow behavior in the bubble eliminator by means of 
laboratory experiments with a transparent bubble eliminator and numerical analysis. We especially focus on the
diameter of vent port and analyze the relation between the parameter and removal performance of bubbles. The validity 
of numerical simulation is verified by comparing the results of the numerical simulation with flow patterns obtained 
from image photos of the experimental flow visualization. Moreover, we evaluate the optimal dimension of the 
diameter of the vent port from numerical analysis.

KEY WORDS

Bubble, Bubble eliminator, CFD, Flow visualization, Hydraulic system

NOMENCLATURE

D3 : diameter of vent port
Eb : rate of bubble removal
Eo : rate of oil flow
Q : flow rate
A , O : air, oil
i , o, v : inlet, outlet, vent

INTRODUCTION

In recent year, hydraulic systems have advanced high 

pressure and high output power [1]. However, thermal 
load and cavitation occurrence increase with increasing 
pressure. Bubbles which are generated by cavitation 
remain submerged in the hydraulic oil [2] and deteriorate 
the stiffness of the hydraulic oil. Moreover, bubbles drive 
deterioration of oil by causing oil temperature rise by 
adiabatic compression [3], and cause failure by reduction 
of lubricating film.
To solve these problems, our project team has been 
developed an active bubble eliminating device called a 
bubble eliminator [4] and applied to construction
machinery to get high efficiency of the systems and long 
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life time of oils [5]. It has been verified that this device 
efficiently removes the bubbles from the working oil by 
experimental and numerical analysis, and that 
temperature rise of fluids can effectively reduce and 
oxidation of oil can be prevented [6] [7] [8]. Moreover, it 
has been clarified that the shape of the device influences 
the removal performance of bubbles [9]. So the selection 
of shape parameters is the most important for optimal 
design of the device. In this paper we focus on 
evaluating diameter of the vent port of the bubble 
eliminator by comparing between experimental result 
and simulation result.

DESIGN AND PRINCIPLE OF BUBBLE 

ELIMINATOR

Figure 1 illustrates a design and principle of the bubble 
eliminator. The tapered-tube type device is designed such 
that a chamber of cross-sectional round shape becomes 
gradually smaller and connected to a cylindrical chamber 
[4]. Working oils with bubbles flow tangentially into the 
tapered-tube from inlet ports and form a swirl flow that 
circulates fluid through the flow passage. The swirl flow 
accelerates towards the downstream. Bubbles are trapped 
in the vicinity of the central axis because of a difference 
in the specific gravity of the oil and the bubble, and 
collected near the range of a vent port where the pressure 
is lowest. When some back pressure is applied by a 
check valve or an orifice located at the downstream side 
of the bubble eliminator, the bubbles are ejected oneself 
through the vent port. The dissolved gas in the fluid is 
also eliminated through the bubbles extracted at the 
pump suction side under the negative pressure. In the 
previous study [8], it is experimentally confirmed that 
the bubble eliminator has been able to eliminate 
efficiently the entrained bubbles and dissolved gases 
from the working fluid. Geometric parameters of a 
standard device used for experimental and numerical 
investigations are illustrated in Figure 2 and dimensions 
are tabulated in Table 1. In this paper we analyze effects
that difference of diameter of the vent port D3 makes on 
performance of the bubble elimination.

EXPERIMENTAL FLOW VISUALIZATION

A full scale transparent model of the bubble eliminator is 
fabricated for flow visualization in order to understand 
the situation of the collected and eliminated bubbles. 
Figure 3 illustrates the transparent bubble eliminator for 
experimental flow visualization. The transparent bubble 
eliminator consists of nine blocks made from acrylic 
resin. The blocks are stacked and placed with its four 
corners accurately fitted by screw rods and nuts. The 
blocks are convertible to change the shape parameters of 
the inlet port, the tapered tube and the vent port.
Figure 4 illustrates an experimental fluid circuit for the 
flow visualization. Working oil in a 30L reservoir fed by 

a piston pump driving by a variable speed motor flows to 
the transparent bubble eliminator. A needle valve and a
restrictor at the pump suction side are used 
experimentally to bleed air intentionally from a

Figure 1 Design and principle of bubble eliminator

Figure 2 Geometry of bubble eliminator

Table 1 Dimensions of standard model

D D 1 D 2 D 3 w h L L 1 L 2 L 3 [mm]
36 28 20 6 3 6 265 15 30 220

Figure 3 Transparent bubble eliminator for experimental 
flow visualization
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compressor into the working oil. The restrictor is slightly 
opened and compressed air is admitted in the oil for 
bubbling. The flow rate is measured by a flow meter in 
the upstream and downstream side of the bubble 
eliminator. A needle valve is installed on the vent port 
side of the bubble eliminator. In the usual case, the 
needle valve is opened, and the trapped and collected 
bubbles are ejected through the vent line. When the 
needle valve is closed, the trapped bubbles merge and 
make a large air column in a flash time. The whole 
transparent bubble eliminator is submerged in an oil butt 
removed a cause of refractor effects by the acrylic pipe 
wall for the flow visualization. A digital video camera is 
set at a flank of the transparent bubble eliminator. A 
growth pattern of the trapped bubbles by the swirling 
flow in the tapered tube of the bubble eliminator can be 
observed. The working oil for hydraulic systems is used 
in the experiments of the flow visualization. The working 
fluid has a kinetic viscosity of 31.3 mm2/s at the oil 
temperature of 40°C. The fluid flow rate is set at 20 
L/min. For the flow rate of 20 L/min, the outlet side of 
the downstream tube has a fluid average velocity of 1.06
m/s and a Reynolds number of 707.
The bubbles are collected along the central axis in the 
transparent bubble eliminator. A snapshot of the digital 
video camera which shows a close-up photograph of the 
transparent bubble eliminator is shown in Figure 5.
When the needle valve at the vent line is closed, the 
trapped bubbles started to be collected and to form a 
large air column which extends along the central axis of 
the tube toward downstream. The photograph shows that 

the air column grows into its maximum length within the 
first 500 ms. The length of the air column increases to 45
mm through the series of frame digital images in 
accordance with the elapsed time. The growth process of 
the trapped bubbles with the elapsed time can be 
experimentally clarified through the flow visualization.
When the needle valve at the vent line is opened, the 

Figure 5 Photograph of transparent bubble eliminator

Figure 4 Experimental fluid circuit for flow visualization
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trapped bubbles are instantaneously pushed out from the 
vent port. The elimination of the trapped bubbles 
depends on the diameter of the vent port. A series of 
monochrome photograph frames obtained with the 
change of the diameter of the vent port D3 is shown in 
Figure 6. The inlet flow rate Qi and outlet flow rate Qo
are monitored with the flow meter installed at the side of 
the inlet port and outlet port, respectively. In case of 
small diameter of the vent port, the trapped bubbles 

remain in the inlet port and the tapered tube block. The 
diameter of the vent port is larger, performance of the 
bubble elimination pushed out from the vent port is 
higher. A comparison between the experiments and the 
numerical results will be discussed in the next section.

NUMERICAL ANALYSIS

In this paper, we perform flow analysis of air-liquid 
two-phase flow using the commercially numerical 
calculation software; STAR-CD. The established meshes 
and definition of the coordinate are shown in Figure 7. A
utilized mesh is the polyhedral which typically has an 
average of 14 cell faces and is characterized by good 
convergence. The central axis of the device is coincident 
with z-axis, making the positive direction of the z-axis 
downward and the origin of coordinates is located at the 
entrance of the vent port. We assume that conditions of 
bubbles have the diameter of mixed air particles of 0.3 
mm and the volume ratio of the air contained in the oil of 
5 %. In addition, it is assumed that bubbles are particle, 
and deformation and merge of bubbles are neglected.
Firstly, we compare between the experiments and the 
numerical results in various diameters of the vent port.
Condition of working oils for numerical analysis has the 
same that experimental value: the kinetic viscosity of 
31.3 mm2/s at the oil temperature of 40°C and inlet and 
outlet flow rates of that is monitored with the flow meter.
Volume fraction of bubbles in the cross section of the 
device is shown in Figure 8. It is confirmed that the 
deepest area of the gray scale image moves from the inlet 
tube to the vent port as diameter of the vent port 
becomes larger. The numerical simulation has
qualitatively good agreement with the experimental flow 
visualization. The simulation results describe the flow 
pattern in the bubble eliminator well.

Figure 7 Mesh and coordinate definition for CFD
Figure 6 Photograph frames with change of vent port 

diameter
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Next, based on the above results, we perform the 
numerical analysis in various diameters of the vent port
on the same condition of working fluid. The working 
fluid has the inlet flow rate of 20 L/min and the kinetic 
viscosity of 31.3 mm2/s. Outlet flows from the outlet port 
and the vent port are set by the area ratio between the 
outlet port and the vent port. Volume fraction of bubbles
is shown in Figure 9. It is confirmed that the gray scale 
image becomes deeper around the close inlet of the vent 
port as diameter of the vent port becomes smaller. Figure 
10 shows flow velocity of bubbles seen in the cross 
section of the device. It is also confirmed that the flow 
velocity to the vent port becomes larger and the bubbles
easily flow out from the vent port as diameter of the vent 
port becomes larger.
We quantitatively evaluate performance of the bubble 
elimination through an index of bubble removal. In order 
to evaluate it, the rate of bubble removal Eb and the rate 
of oil flow Eo are defined as follows:

100
Ai

Av
b Q

QE

100
Oi

Oo
o Q

QE

Figure 10 Velocity of bubbles in various diameter of 
vent tube

Figure 8 Volume fraction of bubbles for comparison
with experiments

Figure 9 Volume fraction of bubbles in various 
diameter of vent tube
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where QAi is volumetric flow rate of bubbles from the 
inlet port to the inlet tube, QAv is one of bubbles flowing 
from the vent port, QOi is one of oil from the inlet port to 
the inlet tube and QOo is one of oil flowing from the 
outlet port, respectively. Thus if both index of Eb and Eo
becomes larger, it can be evaluated that performance of 
the bubble elimination becomes higher. The comparison 
with performance of the bubble elimination in various 
diameters of the vent port is shown in Figure 11. As
diameter of the vent port becomes larger, the rate of 
bubble removal increases but the rate of oil flow 
decreases. It is confirmed that there is the trade-off 
problem between Eb and Eo and that the position of an 
intersection point of the two lines which show the rate of 
bubble removal and outlet flow of oil is around 70% at 
the diameter of the vent port between 13mm and 14mm.
It is needed that diameter of the vent port is set smaller to 
aggregate bubbles, but that should be set larger to push 
out the bubbles from vent port. This means there is an 
optimal diameter of the vent port to remove the bubbles 
efficiently, and this point can be obtained by considering 
the relationship between the rate of bubble removal and 
oil flow.

CONCLUSIONS

In this paper, the experimental flow visualization using 
the full scale model of the transparent bubble eliminator 
and the numerical simulation have been carried out to 
evaluate the performance of bubble elimination. The 
results of numerical simulation have qualitatively good 
agreement with the results of experimental flow 
visualization. It has been verified that the bubble 

eliminator efficiently removes the bubble from the 
working oil through the experimental flow visualization 
and the numerical simulation. The performance 
evaluation of the bubble eliminator has been studied 
through the numerical simulation by modifying diameter 
of the vent port. It is clarified that the selection of the 
diameter of the vent port influences the performance of 
the bubble elimination.
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ABSTRACT 

An impeller is used to prevent cavitation by increasing pressure in a suction port of an axial piston pump. Oil flow around 
the impeller is analyzed using CFD. A 3D model of an inlet chamber, an impeller disk and the outlet port of the impeller 
is build. Pressure/velocity distributions and pressure increase across the impeller are calculated. The pressure increase 
well agrees with experimental results. Visualization of stream lines around the impeller gives important information on 
the impeller characteristics, such as reverse flow which occurs both at the inlet chamber and at the downstream of the 
impeller. Modification of the flow path is proposed to prevent the reverse flow. 

KEY WORDS

Oil hydraulics, CFD, Axial piston pump, Impeller, Visualization 

NOMENCLATURE 

p  : pressure (Pa) 
t : time (s) 

INTRODUCTION

Construction machineries are used at severe locations, 
such as open-air mining of highlands. Pumps and motors 
are required to be reliable when used at difficult 
conditions. Cavitation is one of important technical 
subjects to be solved. Low suction pressure may cause 
cavitation in the pump and may damage some parts of the 
pump, for an example a valve plate of an axial piston 
pump. Tsukiji et. al. studied about jet flow from an orifice 
of a valve plate with a groove in an axial piston pump [1].
For estimation of flow characteristics of a notch of a 

valve plate, visualization of flow have been investigated 
by Oyama and Tanaka [2]. Computational fluid dynamics 
(CFD) is a powerful tool in order to investigate flow 
inside oil-hydraulic components. Park and Hwang 
applied CFD to study effects of groove shape on 
lubrication characteristics of a spool valve [3]. Tsukiji et. 
al. proposed a useful method to improve an oil-hydraulic 
ball valve using visualization techniques including CFD
[4]. J. Watton wrote a paper summarizing progress of 
servo vales using CFD [5]. Cavitation in a plunger pump 
was studied using CFD by K. Edge et. al. [6]. In addition, 
a trial to predict the characteristics of the pump was 
performed by CFD [7].
One method to prevent cavitation at the inlet port of the 
pump is to increase the inlet pressure by use of an impeller 
disk. Inlet pressure may be increased by installing an 
impeller disk at the inlet port just before the valve plate. In 
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this paper, an impeller disk installed in the inlet port of an 
axial piston pump is studied by CFD analysis. At first, a 
3D CFD model is build focusing on the impeller disk. 
Through CFD analysis, flow pattern around the impeller 
disk is visualized and pressure/flow rate distributions are 
obtained. Pressure increase due to the impeller disk is 
discussed comparing CFD analysis and experimental 
results. In order to improve pressure increase, flow path 
around the impeller disk is modified. Finally, results of 
this paper are summarized. 

AXIAL PISTON PUMP 

An axial piston pump is treated in this paper. The pump 
has a rated displacement of 180cc. The maximum 
pressure is 30MPa. An impeller disk is installed in the 
inlet port (suction port) of the pump just before a valve 
plate. It has 13 impellers located in radial direction. The 
impeller disk diameter is 150mm. The impeller disk is 
directly connected with a drive shaft of the pump and it 
rotates at the same speed as the pump. 

CFD ANALYSIS 

A 3D CFD model of the impeller disk is shown in Fig. 1. 
An inlet port (suction port), a top cover (an inlet chamber), 
an impeller disk, and a flow path to a valve plate are 
modeled. An inlet port is the left side section of the model. 
A valve plate is located at the bottom of the model. 
Therefore hydraulic oil comes into the pump from the 
left-side inlet port. It is twisted in a right angle and goes 
downward to the valve plate. A top view of the 3D model 
is shown in Fig. 2. A transparent model is shown in Fig. 3. 
These figures are provided for better understanding of 
the 3D model. 

Fig. 1  3D CFD model of an impeller disk 

Fig. 2 Top view of the 3D model 

Fig. 3 Transparent model 

CFD software 

Commercial software was used for CFD analysis. As a 
flow model, mixed-phase flow was assumed, that is, 
liquid flow including air bubbles including a small 
amount of oil vapor. When pressure is decreased, the gas 
bubble is expanded according to circumferential pressure. 
It may suggest outbreak of cavitation. However in this 
study, pressure stays over the certain level and cavitation 
is not important for the CFD analysis. As a friction model, 
k  turbulent model was used. 

Computational grids 

For CFD analysis, an ideal computational grid is sphere 
shape. However it is impossible to make grid pattern 
using the sphere grid. Instead of the sphere, cubic grid and 
tetrahedron grid are used in practice. The tetrahedron grid 
is useful to model complicated shape. However the 
tetrahedron grid may result in increase of the number of 
meshes. On the other hand, cubic grid is suitable for 
simple shape. Usage of grid type is important in terms of 
accuracy of CFD analysis. In this model, flow around the 
impeller disk was modeled by the tetrahedron grid system 
and other parts were modeled by cubic grid system as 
shown in Fig. 4. 
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Fig. 4 Tetrahedron grid system for the impeller disk 

Boundary conditions 

Pressure increase across the impeller disk is one of the 
targets of the CFD analysis. In order to calculate the 
pressure increase, it is necessary to set boundary 
conditions at the inlet and at the outlet port of the model. 
A boundary condition of “pressure inlet” was applied to 
the inlet port. This means that pressure in the cross 
sectional area of the inlet port is uniform and that it is 
specified as a condition of calculation. Another boundary 
condition of “velocity inlet” was applied to the outlet 
port. This condition corresponds to determination of 
uniform velocity distribution at the cross sectional area 
of the outlet port. When pump speed is specified, flow 
rate of the pump is known and flow rate at the outlet of 
the impeller model is the same as that of the pump. 
Therefore velocity at the outlet port is calculated by 
dividing the flow rate by the cross sectional area of the 
outlet port. 

RESULTS OF CFD ANALYSIS 

A number of computations by the CFD analysis were 
carried out for various conditions using a desktop 
personal computer. One case of computation took eight 
hours to get animation for flow visualization. In the 
following analysis, pump speed was set as 1800rpm. 
Rotation of the impeller disk was considered in the CFD 
analysis. The CFD software provided animation video 
files for visual understanding of flow pattern. 

Velocity distribution 

An example of stream lines calculated by the CFD 
analysis is shown in Fig. 5. Velocity distributions are 
shown in Fig. 6. Velocity of the flow is classified by 
colors. Red color is 15m/s and dark blue is 0m/s as 
indicated in the left color bar. The oil flow has the 
highest velocity of about 14m/s at the outer edge of 
impeller dsik. 

Fig. 5 An example of stream lines 

(a) Side view 

(b) Top view 
Fig. 6 An example of velocity distribution 

Pressure distribution 

Pressure distribution calculated by the CFD is shown in 
Fig. 7. Red color indicates pressure level of 0.1MPa and 
dark blue is 0MPa. In the figure, the impeller rotates in a 
counterclockwise direction. Pressure is increased 
according to the rotation of the impeller disk. At the 
outlet of the impeller indicated by a red arrow in the 
figure (b), pressure reaches the highest value. In the 
downstream path in the figure (a), the highest pressure 
was observed in the middle of the flow path between the 
impeller disk and the outlet port (valve plate). As an 
ideal design, pressure may reach the highest value at the 
valve plate.  
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(a) Side view 

(b) Top view 
Fig. 7 An example of pressure distribution 

(a) Calculated results 

(b) Experimental results 
Fig. 8 Inlet and outlet port pressures 

Pressure increase across the impeller disk 

Inlet and outlet pressure obtained by the CFD are plotted 
as a function of time in Fig. 8 (a). Pressure increase 
across the impeller was about 60kPa. An example of 
experiments carried out on a test bench is plotted in the 
figure (b). The port side pressure and the kidney side 
pressure of the experiments correspond to the inlet 
pressure and the outlet pressure of the model, 
respectively. The CFD results agreed with the 
experimental results. 

MODIFICATION OF FLOW PATH 

Reverse flow in the inlet chamber 

When looking at flow pattern in the inlet chamber at the 
top of the impeller disk, reverse flow is observed, as 
indicated by red circles in Fig. 9. Around the reverse 
flow region, oil flow may lose velocity and pressure may 
increase locally. Flow path of the inlet chamber was 
modified in order to prevent the reverse flow, as shown 
in Fig. 10. The top of the inlet chamber was rounded and 
the corner connecting the chamber with the impeller disk 
housing was tapered. 

Fig. 9 Reverse flow at the inlet chamber 

Fig. 10 Modification of inlet chamber 
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CFD results of stream lines of the modified inlet 
chamber are shown in Fig. 11. Because of the 
modification, the hydraulic oil flows smoothly along the 
rounded flow path and the reverse flow is significantly 
reduced. 

(a) Side view 

(b) Close-up view 
Fig. 11 Streamlines of the modified inlet chamber 

Modification of outlet flow path 

At the downstream of the impeller, oil flow also has 
reverse flow region indicated by a red allow shown in 
Fig. 12. To prevent the reverse flow, the outlet flow path 
was modified as shown in Fig. 13. A part of the flow path 
at downstream of the impeller disk was cut out 
diagonally. A CFD example of stream lines is shown in 
Fig. 14. The reverse flow region is diminished and the oil 
flows along the modified flow path smoothly. 

Fig. 12 Stagnation at the outlet port 

Fig. 13 Reshaping of the outlet port 

Fig. 14 Stream lines of modified outlet flow path 

Combination of the modifications 

Combining both modifications at the inlet chamber and 
at the outlet port, a revised model is proposed as Fig. 15. 
An example of CFD results of stream lines is shown in 
Fig. 16. Reverse flow regions at the inlet chamber and at 
the outlet port are not observed. Calculated results of 
pressure increase of the original model, the modification 
of the inlet chamber (modification 1), the modification of 
the outlet flow path (modification 2), and the combined 
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modification are summarized in Table 1. An 
experimental result of the inlet port pressure was -0.6kPa. 
For CFD analysis, pressure at the inlet port was set as the 
same value of -0.6kPa. Calculated results of the outlet 
pressure are listed in the table and pressure increase is 
obtained from the difference between the inlet and the 
outlet pressures. Compared with the original model, the 
modification 1, 2 and combined modification improve 
the pressure increase. The pressure increase of the 
modification 2 is larger than that of the modification 1. 
Furthermore the pressure increase of the modification 2 
is similar to that of the combined modification. Among 
the modifications, the modification 2 is enough effective 
to improve pressure increase. 

Fig. 15 Combined modification 

Fig. 16 Stream lines of the combined modification 

Table 1 Summary of modifications 

Pressure (kPa) Pressure 
Increase 

(kPa) 

Increase 
RateInlet 

(fixed)
Outlet 

(calculated)

Original

-0.6 

60.4 61 100% 

Mod. 1 62.6 63.2 104% 

Mod. 2 68.6 69.2 113% 

Combined 69.3 69.9 115% 

Particle trace analysis 

When hydraulic oil flows in the reverse direction inside 
the model, a certain part of oil may stay inside the model. 
The CFD software used for this study has a function of 
particle trace. As shown in Fig. 17 (a), a certain amount 
of tiny particles is put at the cross section of the inlet port. 
Mass of the particles is negligibly small. The total 
number of the particles is known. The particles may 
move along the stream lines. Fig. 17 (b) shows the 
particle distribution entering to the impeller disk. In Fig. 
17 (c), the particles are driven by rotation of the impeller 
disk. In Fig. 17 (d), some part of the particles has gone 
out of the impeller disk and reaches at the outlet port. 
When the number of particles that have passed through 
the cross section of the outlet port is counted, the number 
of particles remaining in the model between the inlet port 
and the outlet port is obtained. The ratio of the number of 
particles remaining in the model for the initial total 
number of particles is shown in Fig. 18. The graph shows 
how many particles remain inside the impeller model. 
Original, modification 1, modification 2 are indicated by 
red, light-blue, and dark-blue lines, respectively. It takes 
about 0.15s for the first particles passed the cross section 
of the outlet port in all three cases. Then the ratios of 
remaining particles began to decrease. In the case of the 
original model, even after 0.8s, some part of the particles 
still remains inside the model. In the cases of the 
modifications 1 and 2, almost all particles pass the outlet 
port within 0.8s. In the case of the modification 2, the 
remaining particles inside the impeller decreased the 
fastest among them. This means that the modification 2 
is the most effective in terms of smoothing stream lines. 
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(a) Initial position 

(b) To the inlet chamber 

(c) Through the impeller disk 

(d) Out of the outlet 

Fig. 17 Particle trace 

Fig. 18 Ratios of particles remaining inside the model as 
a function of time 

CONCLUSIONS 

CFD was applied to analysis of inlet flow around the 
impeller disk installed between the inlet port and the 
valve plate of an axial piston pump. The rotation of the 
impeller disk was considered when computing the flow 
pattern by the CFD software. Velocity and pressure 
distribution were calculated and animations of the flow 
dynamics gave us visual understanding of the flow 
characteristics of the impeller disk. CFD results of 
pressure increase across the impeller disk agreed with 
experimental results. From investigation of stream lines, 
reverse flow regions were observed in the inlet chamber 
and in the flow path downstream of the impeller disk. 
Modifications of flow path both in the inlet chamber and 
in the outlet port were proposed. Pressure increase was 
improved by the modifications. A promising 
modification is the modification of the outlet port. 
Investigation by use of the particle-trace function of the 
CFD software supported the study of improvement of 
pressure increase. The CFD analysis is very useful to 
improve the impeller performance and efficiency. 
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ABSTRACT 

The semi-active suspension system can instantly change the damping coefficient depending in order to ‘stiffen’ or 
‘soften’ the system. It will effectively and timely eliminate road disturbances on the car body. Thus, research on the 
semi-active suspension system is necessary. According to the performance test of the proposed adjustable damper, the 
different damping coefficients can be selected by using a stepping motor. After that, the proposed adjustable damper 
was installed in the 1/4 car. Besides, a self-organizing fuzzy sliding controller was used in the experiments to verify its 
feasibility. This study also investigates ride comfort of a 1/4 vehicle for the semi-active suspension system according to 
the ISO2631-1 standard. The experimental results show that the proposed controller demonstrates effective 
improvements in the vibration suppression of the vehicle body and ride comfort that is better than the compared fuzzy 
sliding mode controller design.  

KEY WORDS

Semi-active suspension system, Fuzzy sliding controller, Ride comfort, Self-organizing  

NOMENCLATURE 

 : Scaling factor of sliding surface 

e v uG ,G ,G  :         Gain value of FSMC 
M :  Direct forward system gain 

iW  :         Excitation intensity of FSMC 

0S( )  :  Roughness coefficient 
 :  Spatial frequency 

va  :  Ride comfort level 
 :       Weighted factor 
 :       Learning rate 

buZ  :   Suspension velocity  

INTRODUCTION

Most vehicles are equipped with passive suspensions. 
However, these suspensions are made up of only passive 
elements such as the shock absorbers or the springs that 
do not supply external energy to the system. As a 
consequence, it is usually difficult to obtain both good 
ride comfort and driving quality with the use of passive 
suspensions. Besides, without extra external control to 
inhibit external disturbances, the damping coefficient 
will not be altered with road condition. Therefore, the 
ride comfort is completely subject to the design of 
component parameter of the suspension system. 
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Meanwhile, due to car body structure aging, the 
effectiveness of the suspension system changes with the 
increase in car age. The semi-active suspension system 
can immediately change the damping coefficient 
depending in order to ‘stiffen’ or ‘soften’ the system. It 
will effectively reduce road profile disturbances on the 
car body. Subsequently, it will improve the comfort; 
moreover, it is competitive price and has simpler 
structures.
In recent years, the design and development of 
semi-active suspension systems has attracted increased 
interest, and the various techniques and the 
methodologies for their design have been proposed [1]. 
Techniques such as H control [2], linear quadratic 
control [3], robust control [4] and fuzzy logic control 
[5-6]. The implementation of fuzzy control still needs 
time-consuming adjustments of fuzzy parameters and 
fuzzy rules, especially for a system with nonlinear 
time-varying properties. Furthermore, an optimal fuzzy 
logic controller cannot be achieved by trial and error. In 
order to solve these problems, Procky et al. [7] proposed 
a self-organizing fuzzy controller (SOFC). This control 
scheme established control rules through on-line learning 
instead of human knowledge based approaches. It 
simplified the design processes and facilitates the 
implementation of a fuzzy controller. Shao [8] designed 
the modified learning schemes for a SOC. The error and 
error rate were used to calibrate the control inputs, 
instead of the performance. 
This study adopts the proposed adjustable shock 
absorber that is applied to a semi-active suspension 
system of a quarter-car. According to the control 
commands of the proposed controller, the microcomputer 
can judge suitable damping level to suppress vibration of 
the car body. Besides, the random road surface can be 
generated by using the hydraulic servo system. 
Experiments on a test rig with the proposed controllers 
are performed for investigating its dynamic responses 
and ride comfort analyses. 

ADJUSTSBLE SHOCK ABSORBER  

The minimum to maximum damping coefficients are 
defined from 0o 0 to 100o by changing the rotation 
angles of the rotary valve. It can be shown that the 100o

is the stiffest level of the damping force from the F-D 
diagram which is equipped with the largest surrounding 
area in Figure 1, while 0o is equipped with the least one. 
F-V diagram can be also shown that the variances of the 
different damping coefficients. Among it, the minimum 

damping coefficient is 1626 Ns/m, and the maximum one 
is 4156.7 Ns/m.  

Figure 1 Experimental results of adjustable damper of 
2Hz. 

QUARTER CAR MODEL DESCRIPTION  

Ks

Kt

Cs

Mb

Mu

Zb

Zu

Zr

Controller

Figure 2 Scheme of semi-active suspension system 

The scheme of the semi-active suspension is shown in 
Figure 2. The assumption is that the wheel always 
contacts the road surface and the wheel is hypothesized 
by a spring with constant coefficient. The dynamic 
equations of the quarter-car system can be obtained as 
follows: 

b b s b u s b uM Z =-K (Z -Z )-C (Z Z ) (1)            

u u s b u s b u t u rM Z =K (Z -Z )+C (Z Z )-K (Z -Z )        (2)           
where bM  and uM  are the sprung mass and the 
unsprung mass, respectively; bZ and uZ are the 
displacements of the sprung mass and the unsprung mass, 
respectively; sK and tK are the spring coefficients of the 
spring and the tire, respectively; d s b uF C (Z Z )  is the 
damping force of the adjustable damper; rZ  is the road 
irregularity, and the controllable damping force u 
representing dF . Thus, the dynamic equations of the 
quarter-car system can be described as follows:  

r+ u+ ZA B Dx x    (3)
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where the state vector is T
b b u u= [Z     Z     Z     Z ]x

s s

b b b

t
s t s

u
uu u

0 1 0 0 0
0

K K 1- 0 0 0
M M M

A= ,B= ,D= 0
0 0 0 1 0

K
K (K +K ) 1

0 - 0 M
MM M

RIDE COMFORT ANALYSES 

This section presents the three types of different ride 
comfort analyses: PSD, Meister chart, and 
vibration-weighted acceleration. 
(1) PSD

The spectral density captures the frequency content of a 
stochastic process and helps identify periodicities. In this 
study, it is applied towards determining the frequency 
composition of acceleration and can be regarded as an 
indicator of ride comfort. 

N-1

0

2[ ]exp ( )k
n

k na a n j
N

 (4)                                                        

21( )
Nreq kG f a  (5) 

(2) Meister chart 

The Meister chart represents a person can endure the 

vibrations during the time for acceleration. However, 

ISO uses a weighted curve reqW( )f to revise it for the 

Meister chart in the 2631-1 standard nowadays. The 

equation is shown as follows: 

uk

lk
RMS (k) W( )G( ) d   , k= 1,2,3...20

f
req req req

f
a f f f                          

    (6)                            

where 

1/ 2
req req

req req

req req

0.5 0.9 4
W( ) 1 4 8

8 / 8

f f
f f

f f

(3)  Vibration-weighted acceleration 

This is to use the time domain to evaluate the effects of 
acceleration on ride comfort. The formula for calculating 

the vibration-weighted accelerations va of the three axes 
can be shown as follows: 

1
2 2 2 2 2 2 2

v x wx y wy z wz=(k a +k a +k a )a  (7) 

However, the vibrations only occur on the Z-axis for the 
1/4 vehicle; the vibrations from the X and Y-axes can be 
temporarily ignored. Therefore, the equation is modified 
as follows:  

1
2 2 2

v z wz=(k a )a , k =1z  (8) 

where 
1

2 2
wz w

0

1a ( a ( ) )
T

t dt
T

              

where wa is the filtered accelerations of Z-axis. For a 
more detailed description of the theorem, see Ref.[11].  

SELF-ORGANIZATION FUZZY SLIDING MODE 

CONTROLLER

The proposed controller is shown in Fig. 3. It is 
comprised of two parts: fuzzy sliding mode controller 
(FSMC) and self-organizing learning mechanism. 

1. Fuzzy sliding mode controller 

The traditional fuzzy logic control theory involves 
fuzzification, a fuzzy rule base, a fuzzy inference engine 
and defuzzification. The fuzzy rule base is dependent on 
error e  and error rate e  that complicate both fuzzy 
rules and membership functions.  
To replace those, the fuzzy sliding surface is introduced. 
The sliding surface function is designed as 
S= =[-   -1   0   0]Cx x   (9) 
where  is a positive constant. The fuzzy sliding 
surface S = zero  is a straight line with slope  in the 
phase plane. Next, consider the reaching condition 
( SSV= <0 ) which is based on the Lyapunov function 
( 2SV= /2 ). If the control u can be chosen to satisfy the 
reaching condition, the control system will converge to 
the sliding surface. Computing the derivative of S  in 
Eq. (9) and substituting Eq. (3) into S  as 

rS= ( + u+ Z )C A B Dx  (10) 
Then, the Lyapunov stability condition 

rSS SV= = ( + u+ Z )CA CB CDx  (11) 
In terms of Eqs. (10), (11), (9) and (3), yields CB >0. 
According to Eq. (11), we know that the coefficient of u 
in Eq. (10) is positive. Eq. (10) denotes that decreasing u  

198
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



Figure 3 Block diagram of proposed controller

[(1 )( ) ( )]i b bW Z T Z
M

will result in decreasing SS  as S  is positive and 
increasing u will result in decreasing SS  as S is 
negative. Based on this above method, the control input 
u can be designed in an attempt to satisfy the sliding 
mode reaching condition SS 0 . The relating theory 
about the convergence and stability of the adaptation 
process on the basis of the minimization of SS  can be 
found in [9-10]. Besides, a fuzzy sliding mode controller 
based on sliding mode reaching condition is designed to 
attenuate vibration caused by external disturbance. S
and S  are chosen as the input linguistic variables and u 
is chosen as the output linguistic variable. This study is 
applied to triangular membership function to simplify 
complexity. The membership function can be described 
that is shown in Figure 4. Besides, the output and input 
membership functions are normalized between -1 and 1. 
The center of area method is selected for defuzzification. 
The designed fuzzy rule base is illustrated in Table 1.  

( )S ( )S o( )

Figure 4  Diagram of membership functions 

Table 1 Rule base for FSMC 
o

S=NB S=NS S=PS S=PM S=PB
S=NB

S=NS
S=ZE
S=PS

S=PB

S=NM

S=PM

S=NM
PB
PB
PM
PM
PS
PS
ZE

PB
PM
PM
PS
PS
ZE
NS

PM
PM
PS
PS
ZE
NS
NS

PS
PM

PS
ZE
NS
NS
NM

PS
PS
ZE
NS
NS
NM

S=ZE

NM

PS
ZE
NS
NS
NM
NM
NB

ZE
NS
NS
NM
NM
NB
NB

The controller  mentioned above is designed in an 
active actuating mode. However, the proposed damper 
applied in the suspension system, as shown in Figure 2, 
is desired to be a semi-active actuator. Thus, the control  

input should be modified in terms of the below actuating 
condition. This condition physically implies that the 
actuating of the controller  only assures the increment 
of energy dissipation of the stable system. 

* o o bu

o bu

    ,     Z 0
=

0  ,      Z <0
(12)

In this study, uG  is chosen to be 100 so that the control 

commands *=( 100)  can be mapped to the rotation 
angles.  

2. Self-organizing learning mechanism 

The self-organizing learning mechanism is applied to 
modify on-line the 7x7 fuzzy sliding rule base. To design 
the SOFSMC learning mechanism, the system dynamic 
response feature can be represented as an auto-regression 
and moving average (ARMA) model. 

-1 -1Y(k)=A(z )Y(k-1)+Mq(k-d)+B(z )q(k-d-1)  (13) 
where -1 -1 -(r-1)

0 1 r-1A(z )=a +a z +...+a z ,
-1 -1 -(s-d-1)

0 1 s-d-1B(z )=b +b z +...+b z
, M can be obtained by the projection algorithm, q is the 
control signal and Y is the angle output. If the past 
condition is constant, another input 'q (k-d) , which is not 
the same as q(k-d) , will produce an output 'Y (k) as 

' -1 ' -1Y (k)=A(z )Y(k-1)+Mq (k-d)+B(z )q(k-d-1)      (14) 
Then, Y and q  are described as follows:  

'Y(k)=Y (k)-Y(k)  (15) 
'q=q (k)-q(k)  (16) 

Substitute Eq.(15) for Eqs.(13), (14) and (16) to obtain  

Y(k) =M
q(k)

 (17) 

Similar procedures are utilized to obtain Y  as  

Y(k) 1= M
q(k) T

 (18) 
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where T is the sampling time that is small. Here, the 
limitations of Eqs.(17) and (18) are Y 0  and 

Y 0 , respectively. If they are not satisfied, the input 
reinforcement q would become incorrect. When Y
and Y are departures, a single control input does not 
allow Y to approach the desired point dY and Y  to 
approach the desired point dY , similarly. Thus, the input 
reinforcement should be redefined.  
Here, cq  and ceq  are defined as the correction 

values to compensate for Y  and Y , respectively. 
Thus, cq and ecq  are defined as follows:  

c
1q = Y(k)
M

 (19) 

ce
Tq = Y(k)
M

 (20) 

In general cases, the following form is chosen: 

e ceq(k)=(1 ) q (k) q (k),0 1  (21) 
where  is a design parameter representing the 
weighting distribution between cq and ceq . If there 
is a significant difference between Y and the desired 
output point dY , Eq.(19)is not suitable for calculating the 
input correction cq . Eq.(20)has the same problem when 
calculating ceq . A reasonable approach is to choose a 

'Y  between Y and dY . Then the system output Y will 
approach the desired value dY gradually with a factor of 
the learning rate :

'
dY (k) (1 )Y(k) Y (k), 0 1      (22) 

Then Y and Y  are rewritten as 

dY(k) [Y - Y(k)] E(k)  (23) 
Y E(k)  (24) 

Then, substitute Eq. (21) for Eqs. (19), (20), (23), (24) to 
obtain 

q(k) [(1 )E(k) TE(k)], 0 1
M

 (25) 

Since the fuzzy sliding rule base provides the control 
signal q, modifying q also means modifying the fuzzy 
sliding rule base. Every output state can be excited by 
four modules. The correction of each rule is modified by 
its excitation intensity iW , which can be obtained by the 
linear interpolation technique. In this study, bZ  and 

bZ  are selected for E(k)  and E(k) . Thus, the input 

iq  of the ith rule is 

i i i b bq (k+1)=q (k)+W [(1- )(-Z )+ T(-Z )]
M

 (26) 

This equation is the basic learning algorithm. According 
to the linguistic approach, the rule base can be expressed 
in the following vector form: 

i i i b bRULES (k+1)=RULES (k)+W [(1- )(-Z )+ T(-Z )]
M

 (27) 

If the performance of the suspension system reaches the 
desired control effect, the compensation term of the 
self-organizing learning mechanism should be closed 
immediately to avoid over learning. Thus, for the 
performance index, RMS of the power spectral density 
(PSD) of the sprung mass acceleration, the vibration 
weighted acceleration va [11], and the integrated square 
error (ISE) of the sprung mass displacement are adopted. 
The former two mathematical terms can be considered 
values quantifying comfort. The last term is designed to 
diminish the changes in car body displacement. The 
performance index follows larger-the-better (LTB); it can 
be expressed as follows: 

RMS,acc v bPI=1/(0.2 (PSD) +0.3 +0.5 ISE(-Z ))a (28)

LAYOUT OF EXPERIMENTAL DEVICES 

         (a)                      (b) 
Figure 5 Experimental devices for quarter vehicle 
suspension system: (a) schematic diagram and (b) 
photograph  

The Experimental devices are shown in Figure 5, which 
consists of the suspension mechanism part and the 
electrical control part. The suspension mechanism part 
includes the mass, the spring, the proposed adjustable 
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damper, the hydraulic cylinder, the stepping motor and 
the wheel. The hydraulic cylinder is used to generate the 
road profiles. The flow rate of the hydraulic cylinder is 
controlled by a servo valve. The linear scales are applied 
to measure the car body displacements and the road 
profile vertical displacements, respectively. The 
suspension travels are obtained by a LVDT. To evaluate 
ride comfort, an accelerometer is set up on the sprung 
mass to measure the vertical acceleration. A 
microcomputer which in the study acts as controllers is 
used for the experimental data acquisition.

EXPERIMENTAL RESULTS 

According to the ISO 8608 [12] standard, the road 
surface types can be divided into eight levels. In this 
study, the road roughness is used according to the ISO 
Level E ( -6 3

0S( )=256 10  m /cycle ) standard. Thus the 
random road surface irregularities in the time domain can 
be determined and calculated [13]. Thus, the dashed line 
indicates performance based on random road profile 
from figure 6(a). 
The dynamic responses are obtained by applying both 
FSMC and SOFSMC control strategies to the 
experimental devices, shown in Figures 6~9. The time 
responses which compare FSMC of the two kinds of the 
scaling factors for the sliding surfaces with the passive 
suspension system can be shown as Figures 6 and 7. On 
the basis of Table 2, FSMC ( 1.8 ) improves the 
improvement rate of the sprung mass displacement by 
10.6 %, while that with a scaling factor of 0.7 enhances it 
by 6.3 %. Figure 6(b) shows that the FSMC ( 1.8 )
can also effectively suppress the sprung mass 
acceleration. Due to PSD of the sprung mass acceleration 
is an important index of ride comfort. This study 
transforms the accelerations into PSD by using discrete 
Fourier transform. The peak PSD acceleration 
demonstrated by FSMC ( 1.8 ) in Figure 7(a) is 4.21. 
The FSMC with a scaling factor of 1.8 prolongs the 
comfortable time for more than 1hr at 8 Hz in Figure 
7(b), while the comfortable time for both the passive 
suspension system and the FSMC with a scaling factor of 
0.7 are less than 1 hr, respectively.  
The time responses which contrast the different learning 
cycles of self-organizing fuzzy sliding controller 
(SOFSMC) with the passive suspension system can be 
shown as Figures 8 and 9. Figure 8(b) shows that 
SOFSMC with a scaling factor of 1.8, in comparison to 
the passive suspension system, effectively improves the 
RMS value of the acceleration to 0.5312 for the 3rd 

cycle. The semi-active suspension system with SOFSMC 
control strategy can also demonstrate obvious 
improvements in the vibration suppression for the 3rd

cycle. The improvement rate of the PSD peak value by 
SOFSMC for the 3rd cycle is 49.52% and the vibration 
weighted acceleration is reduced to 0.4589 with 
SOFSMC from Table 2. Thus, the proposed controller 
which demonstrates effective improvements in ride 
comfort is better than the FSMC. 

Figure 6 Time response of suspension with FSMC 
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Figure 7 (a) PSD of acc. (b) Meister chart with FSMC 

Figure 8 Time response of suspension with SOFSMC 

Figure 9 (a) PSD of acc. (b) Meister chart with SOFSMC 
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Table 2 Comparison of response characteristics of 
passive and semi-active designs 

 CONCLUSION 

The conclusions of this study are shown as follows: 
1) A testing rig of the quarter car was built to evaluate 

the control performance. The hydraulic system was 
used to generate random road surface. A stepping 
motor in the study was used to adjust the damping 
coefficient to evaluate the dynamic responses and 
characteristics of the semi-active suspension system. 

2) The learning strategy in the form of fuzzy sliding 
rules can be continually updated by using SOFSMC. 
If the performance of the suspension system reaches 
the desired control effect, the compensation term of 
the self-organizing learning mechanism should be 
closed immediately to avoid over learning in real 
time. 

3) The experimental results show that the proposed 
control scheme for semi-active suspension system 
obviously suppresses the position oscillation 
amplitude of the sprung mass and ride comfort is 
improved effectively. 
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ABSTRACT

We deal with a solid manifold block and a laminated manifold block that are used for connecting hydraulic components.
They are useful for reducing the space and weight of hydraulic systems. We investigate pressure drops of their pipe 
flow with computational fluid dynamics (CFD) and compare those of two types. The majority of all pressure drops in 
both types is pressure drop at corners. In solid type, pressure drop is affected by the distance between two corners and
angle of corner against upstream corner. Solid type has round sectional area ,but laminated type has a square one. So, 
pressure drop of laminated type is smaller than that of solid type. By experiment of visualization with an acrylic 
manifold block and comparison of pressure drop of CFD results with experimental results, the validity of CFD results is 
proved unless heavy cavitation occurs.

KEY WORDS

Manifold block, Pressure drop, CFD, Pipe flow

NOMENCLATURE

: Density
: Kinetic viscosity

Q : Volumetric flow rate
p : Pressure
pe : Pressure at exit

: Angle
L : Length

: Pressure loss coefficient
pall : All pressure loss
pA : Pressure loss at corner A
pB : Pressure loss at corner B
pf : Friction loss of pipe flow
u : Flow velocity
d : Pipe diameter

INTRODUCTION

Hydraulic machines have many valves and piping parts. 
So there are problems that much space is needed and 
plumbing is more troublesome. Recently, as one of the 
methods to reduce the space and piping parts, manifold 
system is developed. This system is the method of 
connecting valves and actuators by using steel blocks 
that have pipelines inside. These blocks are called 
'Manifold Block'. It is said that pressure drop of pipe 
flow in the block because it has many curved section. 
However, pipe flow in the block has hardly been 
researched ever though curved pipe flow such as bend or 
elbow is researched by many workers.
Manifold block is generally classified into two types by
way of machining. One is a solid manifold block (solid 
type) that has some holes by drilling as shown in figure 1.
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The other is a laminated manifold block (laminated type) 
that is composed of some blocks grooved and drilled in 
advance. In solid type, design of pipeline is relatively 
simple since its pipeline only connects some holes, but it 
is impossible to design pipeline freely. On the other hand, 
in laminated type, it is possible to design pipeline freely 
because it has pipes of rectangular groove, but it is 
difficult to weld blocks. So it takes much time to 
manufacture laminated type.

Figure 1 Solid manifold blocks

This study focuses on estimating pressure drop of pipe 
flow in two types as follows with CFD. And by using 
these results, we aim obtainment of guidelines for 
pipeline design in a manifold block. Furthermore, we 
also verify the validity of the CFD results by comparison 
of CFD results with pressure measurement. In this paper, 
however, we deal with a manifold block as port converter 
in case of substituting a valve as shown in figure 2(a) for 
another valve as shown in figure 2(b) when we compare 
two types.

(a) One port of valve (b) Another port of valve

Figure 2 Port standard of valves

NUMERICAL ANALYSIS

Objects of Analysis

Figure 3 shows a port converter of solid type. And 
figures 4(a), (b) show flow channels in the block 
connecting T1 with T2 (solid-T) and P1 with P2
(solid-P). These channels go around because they must 
avoid tapped holes for attachment and other channels. 
Pipe diameter is 6[mm], partially 10[mm]. Red arrows in 
figures show flow direction. Figure 5(a) shows a port 

converter of laminated type (laminated 1). This is 
composed of three blocks shown in figure 5(b). In the 
same, figures 6(a), (b) show flow channels in the block 
(laminated 1-T and laminated 1-P, respectively). Unlike 
solid type, it is possible to connect ports by curved 
channel. To compare with solid type, we deal with flow 
channels that are the same length as solid type channel as 
shown in figures 7(a), (b) (laminated 2-T and laminated
2-P, respectively). Cross section of groove is 6[mm] 
square.

Figure 3 Port converter of solid manifold block

(a) Solid-T         (b) Solid-P

Figure 4 Flow channels in solid manifold block

(a) Block after attached

(b) Three blocks before attached

Figure 5 Port converter of laminated manifold block 
(laminated 1)
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(a) Laminated 1-T   (b) Laminated 1-P

Figure 6 Flow channels in laminated 1

(a) Laminated 2-T  (b) Laminated 2-P

Figure 7 Flow channels in laminated 2
(like solid type)

Analysis objects are the above six flow channels. In this 
paper, we analyze them by FLUENT6.3. SST k- model 
is used for turbulence model along the lines of the study 
in last year [1]. Inflow boundary condition is set to 
velocity inlet (uniform flow), and outflow boundary 
condition is set to pressure outlet (0[MPa]). Those flow 
channels contain tetrahedral and hexahedral cells. 
Properties of working fluid is =870[kg/m3], and is 
=32[mm2/s] where T=317[K] (40 degrees).
Results of Analysis

Figures 8 (a), (b) show pressure on central axis of flow 
channel in Q=50[L/min]. The vertical axis shows the 
remainder of pressure (p) on central axis and outlet 
pressure (pe). Central axis of solid type is shown in 
figures 9 (a), (b). From figures, pressure drop at corners
is the majority of pressure drop of flow channel in all 
types. Pressure drop of solid type at corners is different 
from each other, so it is found that the distance to 
previous corner and the bend angle of previous corner 
affect pressure drop in solid type. Laminated 1 and 2 
have less pressure drop than solid type. When laminated 
2 is compared with solid type, pressure drops of 
laminated 2 at corners are smaller than that of solid type.
This is because laminated type has lager sectional area 
than solid type even if their flow channels have the same 
width.
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(a) Pressure of flow channels T
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(b) Pressure of flow channels P

Figure 8 Pressure on central axis of flow channels

(a) solid-T    (b) solid-P

Figure 9 Central axis of solid type

Figures 10 (a), (b) show velocity vectors of entire flow 
channels of solid type in Q=50[L/min]. Figures 11 (a), 
(b) show velocity vectors on cross sections of corner d 
and e in figure 10 (a). Figures.12 (a), (b) also show 
velocity vectors on cross sections of corner b and d in 
figure 10 (b).

a
b

c
d

e
f

a
b

c
d

e
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(a) Velocity vectors of solid-T

(b) Velocity vectors of solid-P

Figure 10 Velocity vectors of solid type

   (a) Cross section b (b) Cross section d

Figure 11 Velocity vectors on cross section of solid-T

(a) Cross section P1   (b) Cross section P2

Figure 12 Velocity vectors on cross section of solid-P

It is found that there are regions of large velocity (red 
regions in figures) after corners from figure 10, and 
velocity vectors like vortex are seen in figure 11 (a), 
figure 12 (a), but not seen in figure 11 (b), figure 12 (b).
This is because the distance from corner c to d is shorter 
than the distance from corner d to e in Solid-T, and the
bend angle of upstream corner is different from each 
other in corners b and d of Solid-P.
Influence of the upstream corner on pressure drop at 

the downstream

To investigate the influence of the upstream corner on 
flow pattern described above, we propose three flow 
channels as shown in figure 13. These channels have two 
corners. In this paper, the upstream corner is named 
corner A and the downstream corner is named corner B.
They are different from the angle between inlet and 
outlet pipeline. Moreover, by varying the length L
between corner A and B, we examine the influence of
and L on pressure drop at corner B, where volumetric 
flow rate is Q=50[L/min] and all pipe diameter is 
d=6[mm].
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(a) =0°

(b) =90°

(c) =180°

Figure 13 Flow channels with two corners

To evaluate the influence of and L on pressure drop, 
pressure drop at corner B pB is defined as follows.

pB=pall-(pA+pf)               (1)

where pall is the pressure loss of all pipeline, pA is the 
pressure loss at corner A, pB is the pressure loss at corner 
B, and pf is the friction loss of pipeline. Furthermore, 
pressure loss coefficient , which is dimensionless 
quantity, is defined as follows.

=pB/{(1/2) u2}               (2)

where is the density of fluid (oil), u is the mean flow 
velocity, and u=29.47[m/s] for volumetric flow rate
Q=50[L/min] and pipe diameter d=6[mm].

Figure 14 Relations between and L/d for each 

The results is shown in figure 14. Horizontal axis L/d
shows ratio between L and d. From figure 14, it is found 
that the transition of differ by , especially in case of 
L/d<5,and approach a constant value for L/d>13 in any 
. In case of =90° and 180°, is minimized for L/d 6, 

while, in case of =0°, the smaller L/d is, the smaller is.

EXPERIMENT

Experimental Apparatus and Method

We manufacture port converter of manifold blocks (test 
piece) that have the same flow channel that is used in 
CFD analysis, and prepare experimental apparatus for 
measuring pressure shown in figures.15 (a), (b). These 
manifold blocks are attached to blocks for connecting 
electronic pressure sensors, a block for returning oil flow 
from B to T or from P to A, electronic pressure sensors, 
A/D converter, and 24 [V] power supply.
Data of voltage are transmitted from pressure sensor to 
A/D converter and converted to pressure data. In this 
paper, pressure drop of each flow channel is defined as 
the pressure gap of upstream data and downstream data. 
By comparing with experimental results, we verify the 
validity of the CFD results. Temperature of working oil 
is about 40 degree to fit condition of CFD analysis.
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(a) Pressure measurement of flow channels of T

(b) Pressure measurement of flow channels of P

Figure 15 Experimental apparatus for measuring pressure

Comparison of Analysis with Experiment

Figures 16 (a), (b) show the relations between volumetric 
flow rate and pressure drop of solid type. Figures 16 (c), 
(d) show the relations between flow rate and pressure 
drop of laminated type.
In solid type, there is a tendency that experimental values 
are about 15 percent smaller than CFD results from
20[L/min] (Reynolds number is about 2,200) to 
70[L/min] (Reynolds number is about 7,700). Reynolds 
number is based on pipe diameter, the mean velocity of 
flow, and kinetic viscosity. So it is found that it is 
possible to regard pipe flow in solid type as turbulent
flow even if Reynolds number is small in case flow 
channel has many corners. In laminated type, 
experimental values show good agreement with CFD 
results except laminated 1-T. In laminated 1-T, the more 
the flow rate increase, the larger the error between 
experimental values and CFD results.
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Figure 16 Relations between flow rate and pressure drop
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So when we manufacture an acrylic test piece of 
laminated 1 and observe oil flow in laminated 1 to 
investigate factors, luminescence by heavy cavitation [2]
is seen at a red circle in figures 17(a), (b) in case of more 
than 50[L/min]. This is the factor of the error. Figure 17
(a) shows a direction for visualization of laminated 1-T.
A picture of cavitation is shown in figure 17 (b).

(a) Direction for visualization of laminated 1-T

(b) Picture of cavitation

Figure 17 Luminescence by heavy cavitation

CONCLUSIONS

This paper focuses on estimation of pressure drop of pipe 
flow in two types of manifold block with CFD analysis, 
verification of the validity of CFD results by comparison 
with experimental results, and obtainment of guidelines 
for pipeline design in a manifold block. Also, we 
investigate pipe flow from velocity vectors, pressure 
distribution, and pressure drop. The conclusions of this 
paper are as given below.
(1) Pressure drop at corners is the majority of pressure 

drop of pipe flow in manifold block.
(2) At corners of solid type, pipe flow pattern is varied 

by the distance L and the angle , which affect 
pressure drop at corners.

(3) Pressure drop of laminated type is smaller than that 
of solid type because laminated type has lager 
sectional area than solid type even if their flow 
channels have the same width.

(4) Unless heavy cavitation occurs, it is proved that 

estimate of pressure drop with CFD is valid by
comparison with experimental results.
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ABSTRACT 
 
A travel motor is the main component of an excavator as an energy translator from hydraulic to mechanical system. 
Abnormal vibration tends to happen when the excavator starts to travel downward on the slope. It is expected that the 
vibration is subjected to the reciprocating motion of the main spool in the counter balance valve which is designed to 
control the flow rate to the travel motor. In this paper, the relation between the abnormal vibration and main design 
parameters of counter balance valve is evaluated based on 1-D analysis method. As a result, it is found that the 
abnormal vibration mainly depends on the spring stiffness coefficient and the opening area of the main spool notch and 
can be controlled by the appropriate combination of the parameters. Optimum design parameters are determined from 
the analysis and verified with the test results. 

 
 

KEY WORDS 
 

Excavator, Travel motor, Counter balance valve, Abnormal vibration, 1-D hydraulic system analysis  
 
 
 

INTRODUCTION 
 

The travel motor, which directly transmits torque to the 
travel reduction gear, takes an important role in driving 
stability and ride comfort of an excavator as shown in 
Figure 1. Because of its importance, there is a counter 
balance valve in the travel motor while most other 
hydraulic components are just controlled by the main 
control valve. In general, while the excavator is 
travelling downhill slowly, the counter balance valve 
makes the rotating speed of the traveling motor stable by 
controlling translation motion of the main spool in the 
counter balance valve. 

 
 
 
 
 

Figure 1 Travel motor of an excavator 
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The translation motion of the main spool is determined 
by the combination of hydraulic pressure, spring stiffness 
coefficient, and cushion spool. Therefore, in design 
consideration of the counter balance valve, the spring, 
the cushion spool for main spool movement control and 
the opening area of the main spool notch for the flow 
path will be the main design parameters. In addition, the 
interference between the parking brake and counter 
balance valve shall be determined as well. In this paper, 
by using the 1-D hydraulic analysis method, the 
abnormal vibration mechanism during the downward 
travelling of an excavator will be determined and the 
contribution of the main design parameters to the overall 
performance enhancement will be analyzed as well. 
 
 

HYDRAULIC SYSTEM MODELING 
 
The flow diagram of the working fluid to operate the 
travel motor is shown as Figure 2(a). In brief, the 
discharge flow rate from the main pump, which is 
determined by the spool stroke in the main control valve 
operates the travel motor and is returned to the tank 
through the main control valve again. The spool stroke, 
which makes the travel motor work by controlling the 
opening area, is controlled by the pilot pressure of the 
remote control valve. Figure 2(b) shows the schematic 
diagram of the path for the energy transfer from the 
engine to travel motor via the hydraulic system. 
 
 

 
 

(a) Schematic of hydraulic circuit 
 
 

 
 

(b) Path for the energy transfer 
 

Figure 2 Flow line of working fluid 
 

Figure 3 shows the hydraulic system model which 
consists of hydraulic components from the main pump to 
the travel motor. In this 1-D analysis model, the counter 
balance valve has been modeled in detail using the 
hydraulic component design (HCD) library in AMESim 
because it governs the characteristic of the travel motor 
when the excavator travels downhill. In addition, in order 
to express the condition for downhill travelling, the 
torque value caused by the weight of the excavator was 
applied to the travel motor as an external input condition. 
 
The flow rate of the main pump in an excavator is 
basically controlled by a regulator which consists of 
negative flow control, total horsepower control, and 
power shift control system. In negative flow control, the 
discharge flow rate decreases as the pilot pressure rises. 
In total horsepower control, the discharge flow rate is 
simultaneously controlled by the sum of the load 
pressure of the two pumps in tandem double arrangement.  
In this analysis model, the main pump is simply modeled 
by handling the negative control and total horsepower 
control as signal processing. 
 
 

 
 
 

Figure 3 Analytical model of the hydraulic system 
using AMESim 
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Details of the counter balance valve modeling 
The main roles of the counter balance valve are as 
follows: parking brake release, motor control when 
driving on the slope, rapid response in sudden stop. All 
of the features of the counter balance valve are related to 
safety, because the travel motor is located far distant 
from the main control valve, and as a sequence, the 
compressibility of the working fluid may cause accidents.  
Therefore, the design process of counter balance valve is 
the most important part for achieving an excellent 
performance of the travel motor. In order to accurately 
simulate the characteristics of the counter balance valve, 
the HCD modeling was carried out using AMESim based 
on the sectional drawing as shown in Figure 4(a). As 
shown in Figure 4(b), it can be inferred that the main 
design parameters of the counter balance valve could be 
the stiffness coefficient of the main spring, the opening 
area of the main spool notch, the characteristics of the 
cushion spool and the orifice diameter from main 
chamber to pressure sensing chamber, etc. By using this 
HCD modeling, the dimensions of the main design 
parameter can be easily controlled and the parametric 
study for performance enhancement can be carried out as 
well. 

 
 
 
 
 

 
 
 
 

(a) Sectional drawing 
 
 

 
 

(b) AMESim modeling 
 

Figure 4 Hydraulic modeling of the counter balance 
valve 

RESULTS OF THE ANALYSIS 
 
Verification of the hydraulic system model 
First of all, in order to validate the hydraulic system 
model, pre-analysis was performed for Mode 1, as shown 
in Table 1, where the remote control valve signal is 
almost same to the one from the experiment. Every 
simulation condition is set up to the 2nd gear mode, 
which is more sensitive to inertia force of an excavator 
than the 1st gear mode. Especially, on the slope the 
abnormal vibration can occur on the 2nd gear mode. The 
simulation results were compared with the experimental 
results as shown in Figure 5. The estimated results for 
the initial pressure when the motor just starts moving, 
and the brake pressure when the motor suddenly stops 
moving, show good agreements with the experimental 
results. In those plots, inlet pressure of the travel motor is 
drawn as red line and outlet pressure of the travel motor 
is drawn as blue line. 
 

 
 

   (a) Experiment 
 

 
 

  (b) Simulation 
 

Figure 5 Comparison of pressure history 
in the ground traveling condition 
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Abnormal vibration mechanism 
In order to reveal the mechanism of the abnormal 
vibration caused by the weight of excavator on the 
downhill, the unstable condition was studied by using the 
proven system model. In this analysis, the torque 
corresponding to 20 degrees inclination was applied to 
the travel motor and the constant pressure signals of the 
remote control valve were applied as shown in Mode 2 
of Table 1. 

 
 

Table 1 Boundary conditions of the hydraulic system 
analysis 

 
Traveling 

(2nd gear mode) RCV input signal Torque 

Mode 1 Ground 

 

0 

Mode 2 Slope 

 

500 
( =20 ) 

 
 
 

Figure 6 shows the two simulation results of the specific 
cases. The abnormal vibration, caused by applying 
improper design parameters, is simulated in Case1 and a 
modified model to remove the abnormal vibration is 
simulated in Case 2 as well. From the analysis results of 
Case 1, the abnormal vibration is considered to be caused 
by the external torque, occurred by the reciprocating 
motion of the main spool in the counter balance valve in 
a specific operating range. For the reciprocating motion 
of the main spool, the opening area of the main spool 
notch determines the rotating speed of the travel motor. 
In addition, if the reciprocating motion is larger as shown 
in Figure 6(a), the interference with parking brake occurs 
and it makes the parking brake ON/OFF by transferring 
the parking brake release pressure signal as shown in 
Figure 6(b). Therefore, the abnormal vibration of the 
travel motor occurs as shown in Figure 6(c) causes 
negative effects on the driving stability and ride comfort 
of an excavator. Inspiritingly, the abnormal vibration 
does not occur in Case 2 as a sequence of modifying the 
main design parameter such as main spring stiffness, 
opening area of the main spool notch, and cushion spool. 
Consequently, the abnormal vibration phenomena of a 
traveling motor can be prevented by controlling the main 
design parameters. Finally, by the hydraulic system 
analysis, the specific and unstable condition was 
successfully simulated and the contribution of the design 
parameters to the counter balance valve was analyzed.

            
 
 
 
 
 
 
 
 
 
 
(a) Velocity of the main spool 

    
  (b) Parking brake release pressure                         (c) Rotating speed of the travel motor 

 
Figure 6 Comparison of simulation results in the slope traveling condition 

�
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CONCLUSION 
 

By using the hydraulic analysis method, the abnormal 
vibration mechanism during the downward travelling of 
a mid-class excavator was revealed. 
 
- In order to predict the performance of the travel motor, 

the hydraulic system has been modeled and was 
verified by comparing with the experimental results. 

- For the abnormal vibration which can happen on the 
downhill, the contribution of the main design 
parameters to the overall performance enhancement 
has been analyzed. 

- By using the hydraulic system analysis in the basic 
design process, the overall performance of the 
excavator travel motor can be evaluated and especially, 
the abnormal vibration on the downhill can be 
simulated and prevented in advance. 
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ABSTRACT 

The proportional controller is widely employed in the electro-hydraulic control system. Because of various proportional 
solenoids have different resistance and inductance, a proportional controller can’t matching them very well. In order to 
improve the application range of proportional controller, a parameter self-tuning electro-hydraulic proportional 
controller is proposed, which can auto identify the proportional solenoid parameter and control the current very well. 

KEY WORDS

Proportional amplifier, System identification, Internal mode control (IMC) 

NOMENCLATURE 

 L the equivalent inductance of proportional 
solenoid  
R the equivalent resistance of proportional 
solenoid   
i(t) current of proportional solenoid 
u(t) u(t) is the voltage of proportional solenoid 
T PWM period  ...  
KPWM       gain of PWM modulator 
U power volatage 
e(t) the steady-state error  

the total time..  

INTRODUCTION

The electro-hydraulic proportional controller is an 
important part of an electro-hydraulic proportional 
system. It’s used to provide specific current for 
proportional solenoid, and control the proportional valve. 
Because various proportional solenoids have different 
resistance and inductance, a traditional controller which 
does not allow user to adjust the current control loop 
parameters can’t match them very well. This dissert 
proposes a parameter self-tuning electro-hydraulic 
proportional controller for improve the application range 
of proportional controller.

PROPORTIONAL SOLENOID CURRENT 
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CONTROL LOOP PARAMETER SELF-TUNING 

SCHEME 

Model of proportional solenoid current control loop 

The structure of proposed proportional solenoid current 
control loop is show in Fig.1, and the main parts are 
linearly modeled as follow. 

Figure1 the structure of proportional solenoid current 
control loop 

1) Proportional solenoid model: because the response of 
the proportional current is faster than the armature 
movement, the EMF caused by the armature motion can 
be ignored. The model of the proportional solenoid is 

I( ) 1Gs( )= =
U( ) L R

ss
s s (1)

2) PWM modulator: the duty of PWM is changed once in 
a control period, and the modulation frequency is high. 
The transfer function of the PWM modulator is[1]

PWM
PWM

KG ( )=
T 1

s
s

(2)

The PWM signal is produced by input signal compared 
with the triangular wave generator. The amplitude of the 
triangular wave generator is form 0 to A1. When the 
input signal are 0 or A1, the output PWM duty are 0 or 1, 
so there is   

PWM
1

1K
A (3)

3) Power amplifier: because the control objective of the 
system is average current, and the PWM modulation 
frequency is high. The ratio of the average voltage and 
the PWM duty can be written as  

uK =U (4) 

Design of Internal Model controller ( IMC ) 

In order to facilitate tuning parameters, the internal 
model control (IMC) algorithm is applied to control the 
proportional solenoid current. The IMC structure of a 
signal input and output (SISO) system is show in Fig.2, 
where R(s) is control signal input, C(s) is the controller, 
P(s) is controlled plant, P( )s is the Denoting model of 
the controlled, Y(s) is the measurement signal. [2][3]

(s)( )
1 (s) ( )

CF s
C P s

(5) 

P(s)

Figure 2 Structure of IMC 

Base on the Eq. (1) ~ (4), the proportional solenoid, 
PWM modulator and power amplifier are merged,  

0
2

1 2

b( )
a +a

P s
s s (6) 

where 0
1

Ub
A T L

, 1
T+La
T L

and 2
Ra

T L
.

Based on the properties of the ideal IMC, the controller 
is designed as  

2
1 2

0

a +aC( )=1/P( )
b

s ss s (7) 

To ensure that the controller can be realized and improve 
the robustness of the control system, a second-order 
low-pass filter is in series before Eq. (7), which is 

2
1( )=

( +1)
L s

s
(8) 

The Eq. (7) and Eq. (8) were merged as the IMC of the 
current loop, which is 
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2
1 2

2 2
0 0 0

a +aC ( )=
b +2b +b

' s ss
s s (9) 

where just the parameter  needs to tuning. The 
parameter  impact on the rapidity and robustness of the 
system. Reduced the  can speed up system response 
speed, and increasing the  can enhance the robustness. 
Parameter  is the selection which is the robustness and 
rapidity trade-off. The controller requires that improving 
the response speed under the premise of small 
steady-state error, so parameter optimization index is 
integral of the product of the time and the absolute error 
( ITAE ) 

0

J t e t (10) 

The parameter  is optimization by the NLJ method. [4] 

Proportional solenoid Current loop control 

parameter self-tuning algorithm 

Step 1: Applied a constant power voltage across the 
proportional solenoid, sampling the voltage and current, 
and according Eq. (1), then the L and R of the 
proportional solenoid can be identified.  
Step2: The a1, a2 and b0, which are calculated by the U, 
A1, T, R and L, are substituted into Eq. (9). Then, the 
parameter  is optimization by NLJ method. 
Step3: The parameter which has been tuning is applied to 
control the proportional solenoid for step response. 
Recording the control signal and the actual current value, 
the ITAE index is studied. If the ITAE index meets the 
requirement ,the controller parameter has been finished 
tuning; if that does not meet the requirement, the 
difference between the model parameters identified and 
the real value are too large, then we need to return to step 
1. 

EXPERIMENTAL INVESTIGATION 

The purpose of this experiment is to study the 
performance of current control which was proposed 
based on internal model control. The type of proportional 
solenoid employed in the experimental investigation is 
‘045’ (GP61-4-A) from Ningbo HOYEA Machinery 
Manufacturer Co., ltd. The main parameters are that: the 
PWM period is 2kHz, current control period is 
T=0.0005s, the control parameter is =0.05, the power 
voltage is U=24v. The proportional solenoid parameters 
identification results are that: resistance is R=13.504, and 
inductance is L=0.201H. The above parameters are 
assigned to the proposed parameter self-tuning control 
algorithm. The up-step from 100 mA to 800 mA is done. 
The results are shown in Fig. 3, we can conclude that: 
the current steady-state error is ± 6mA, and the 
overshoot is small.  
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(a) step response 
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(b) Local Enlargement 

Figure 3 Current step response 

CONCLUSIONS 

Based on internal model control principle, a parameter 
self-tuning electro-hydraulic proportional controller 
structure and a parameter self-tuning algorithm were 
proposed. Finally, the proposed structure was 
experimentally researched on the test bench and the 
results showed that: the proposed proportional controller 
can automatically identify the parameters of proportional 
solenoid coil, and the control parameter can be 
automatically tuning.  The proposed controller can 
automatically match the different types of proportional 
solenoid. 
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ABSTRACT 

To avoid or to reduce the costs of experiments, analysis by simulation is preferred to predict the performance in design and 
development stages. However, accurate modeling and then remodeling after part experiments are usual practice. In in-line 
piston swash plate type variable displacement pump with pressure compensation swash plate dynamics has a crucial role on 
pump performance – particularly at the vicinity of operation at set pressure. The present investigation is targeted at 
understanding the reasons of such dynamics. A commercially available pump was chosen for study. The swash plate control 
torque and relevant data were measured experimentally in a proven test rig. Analysis was made to identify the various forces 
that give rise to the cradle or swash plate torque about its pivot in a pump. A simplified and concise model was finally 
developed and simulation was carried out in MATLAB-SIMULINK environment. Analytical results had good agreement 
with experimental results.  

KEY WORDS 

Inline Piston Pump, Pressure Compensated, Swasplate Control Torque 

INTRODUCTION

In line linear piston pumps with swash plate are widely 
used in both military and civil fluid drive applications. 
For accurate flow control, particularly in sophisticated 
applications, the swash plate yawing torque has a great 
role. Over last fifty years several investigations are 
carried out globally to understand, assess and optimize the 
swash plate contol torque. 
Lewis & Stern [1], Green & Crossley [2], and Zaki & Baz 
[3] have analyzed the dynamic response of various types 
of conventional control systems for in-line linear piston 
pumps (hence forth mentioned only as pump / pumps) 
following Merritt’s [4] approach and using linear transfer 
function analysis. Most of the models were devoted to the 
specific control system with simplified linear model 
representation for the pump. Such models did not 

incorporate the effect of different geometrical features or 
the variations in operating conditions. 
Yamaguchi [5, 6] investigated considering more complex 
parameters of the hydraulic pump model. The subject of 
loads on the swash plate was treated from the point of 
view of power losses. However, he too presented a linear 
model of a hydraulic pump. He considered the effect of 
load pressure on the pump dynamics, although based on a 
pump with simplified configuration.  
Zeiger & Akers [7] and later with Lin [8] presented a 
comprehensive mathematical model for the average 
torque on the pump swash plate. The analysis was limited 
to steady state conditions only.  
Zeiger & Akers [9] also analyzed the pump dynamics as 
an open loop plant to be controlled. The analysis followed 
a state variable approach in place of a simpler classical 
approach of transfer function.  

220

Proceedings of the 8th JFPS International
Symposium on Fluid Power, OKINAWA 2011

Oct. 25-28, 2011

1C2-4

Copyright © 2011 by JFPS, ISBN 4-931070-08-6



2

Schoenau, Burton & Kavanagh [10, 11] investigated in 
detail the characteristics of such a pump with pressure 
compensated swash plate control (Vickers PVB5 Model). 
They developed a comprehensive mathematical model 
capable of predicting both steady state and dynamic 
responses. Inertial and viscous damping terms as well as 
the control-piston and return-spring dynamics were 
considered in details. Experiments were conducted in 
support of the theoretical analysis. 
Manring [12] developed a mathematical model to depict 
the dynamic characteristics of torque exerted on the input 
shaft of the pump. The approach used was different from 
understanding this torque with traditional macro input-
output perspectives. In his analyses he considered all 
basic forces within the machine to compute the 
instantaneous torque exerted on the shaft. Manring further 
analyzed the control and containment forces and moments 
acting on the swash plate of an axial-piston pump [13].  
Later Zhang , Cho & Nair with Manring [14] presented a 
new, open-loop, reduced order model for the swash plate 
dynamics of an axial piston pump. The proposed reduced 
order model is validated by comparing with a complete 
nonlinear simulation of the pump dynamics over the 
entire range of operating conditions.  
Zeliang [15] in association with Burton [11] worked on 
condition monitoring of an axial piston pump (Vickers 
model) for his M.Sc. thesis. Results of this investigation 
are very useful to understand the pump as well as swash 
plate performances. 
To understand the swash plate control torque in a better 
way we considered a Vickers PVB5 model, apparently the 
same model that was used by Kavanagh et al. [10, 11]. 
Experiments were conducted following civil and military 
specifications [16]. Later we have also tried to present a 
concise mathematical model and carried out simulation, 
following some of the investigations referred above, in 
support of our experimental results [17]. The experiments 
have been conducted on a proven test rig which is 
regularly used to test such hydrostatic units for civil as 
well as military applications. This paper is a brief report 
of the investigation. 

MATHEMATICAL MODEL FOR SWASH PLATE 

CONTROL TORQUE 

A schematic view of the pump, considered for study, is 
illustrated in Figure 1. The total torque which acts on the 
swash plate yoke assembly consists of several 
components, namely torque due to pressure differences 
and locations of pistons ( apT ), the yoke damping torque 

( dT ), (in the negative direction), the return spring torque 

( spT ) and the torque applied to the yoke by the control 

piston ( spT ) (in the negative direction). Therefore, taking 
a summation of the torques that act on the swash plate 
yoke assembly yields – 

      ITTTTT cspdapy     (1) 

where I  is the mass moment of inertia of the swash plate 
yoke assembly. [17]

Figure 1  Model Feature of  the Pump [11] 

Substituting all expressions derived [17] for different 
torques and grouping of similar terms yields an equation 
of the form: 

epprpprcc ICCCpKPKbAP 2
32132

 (2) 
Coefficient 1C  includes all terms that depend only on the 

angular position of the swash plate.  2C , the coefficient 

of angular velocity and 3C , the coefficient for the square 
of the angular velocity term [17].  

Ie represents the total effective mass moment of inertia. 

Pressure Compensatory Part
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(a) Pressure regions as seen by piston centers  [11]. 

(b) Detail of valve port plate as in [15]. 
(It is almost similar to that 
 in the pump under study.) 

Figure 2 Uni-Pressure Regions on Valve Plate 

Simplified model. 

Equation 2 is highly nonlinear if all terms are considered.  
However, it can be solved using numerical techniques 
although very unwieldy and cumbersome to.. The 
comprehensive developed model can be simplified by 
linearizing the equation set for torque due to piston 
pressure and the coefficient terms in the remaining 
describing equations by comparing the various terms in 
the coefficients and neglecting those terms deemed to 
have an insignificant effect. 
The terms in the coefficient equations used in this study 
have been determined using the physical data of the pump 
(Vickers PVB5). Certain coefficients in the equation 
depend on the specific type of pump being used and some 
of these have to be experimentally measured. Based on 
the values over a range of swash-plate angles, equations 

of coefficients have been significantly simplified using 
linear regression techniques. The approach is justified at 
this stage because the dynamics of the swash plate have 
already been considered in their nonlinear form. Only the 
coefficients are simplified. 
The coefficients 1C  and 2C were fit using the equations 

211 SSC     (3) 

and      32 SC     (4) 

where 1S , 2S  and 3S  are simplified Pump model 
Constants whose values have a maximum difference of 
less than 1 percent with Complete pump model Constants 

1C , 2C  etc. 

Value of 2C  is found to be a 0.549, thus 

max32 )/( IdtdICIC  implying that the term 
2

3 )/( dtdC can be neglected and hence 03C .

Variation of the coefficient, eI with is small and can 
be neglected. Thus, the effective inertia can be assumed 
constant and equal to the average effective inertia  

ee II      (5) 

Substituting these results from equations (3) to (5) into 
equation (2) yields, 

epprpprcc ISpKSSPKbAP 33212 )(
         (6) 

Above equation (6) represents the simplified 
mathematical model of the pump. 
To verify the dynamic response of the model, Simulation
of the Simplified Mathematical Model (equation 6)) has
been done using MATLAB – SIMULINK ® and the
simulated dynamic responses of the pump have been
compared to those obtained experimentally.
While estimating the swash plate torque, pressure 
variations in the valve port and slipper pad were 
considered in detail [Figure - 2]. The developed equations 
are solved in light of the physical model of a pump to 
assess and estimate swash plate motions, in the dynamic 
and the steady state conditions. A SIMULINK block 
diagram is presented in Figure 3. The rig tests on pump 
model were carried out to examine the swash plate 
behavior. Finally, theoretical and experimental results 
were compared.  

Relief
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Figure 3 SIMULINK Model to Estimate the Swash Plate Torque. 

Table – 1  Some specification of the pump 
(a commercial model). 

Experimental Results 

As stated earlier a well established and equipped test rig, 
which is regularly used to test such hydrostatic units for 
civil as well as military applications, is used for 
conducting experiments. Variation in Piston chamber 
pressure and change in port area (theoretically estimated) 
are shown in Figure 4 and Table 2 & Figure 5 
respectively.
It is observed that the swash-plate angle varied from 14 
degree inclination to 0 degree inclination in almost 0.1 
seconds where pressure varied from 210 bar to 203 bar 
respectively. The set pressure was 210 bar in pressure 
compensator. This means that when system pressure was 
raised to 210 bar the swash plate inclination was move to 

0 degree by the control piston force [Figure 1] and the 
final position was maintained at 203 bar at main system 
line. With a slight reduction in set pressure the swash 
plate returned to its original inclined position (14 degree) 
and the system pressure was increase to new set pressure 
(close to 210 bar). The nature of change in swash-plate 
angle with time and pressure is shown in Figure 6.  

Figure  4  Variation in piston chamber pressure 
with shaft rotation. 

Parameter Numerical 

value

Delivery 
Pressure 

Full flow 203 bar 
Zero flow (At set pressure) 210 bar 

Flow rate 28 LPM 
Inlet Pressure 2-3 bar 
Case Drain Pressure 4.5 bar 
Rated Speed 3600 RPM 
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The variation of swash plate angle has shown an expected 
trend. The initial sluggishness is expected for a change of 
system flow of the order of  zero LPM to 28 LPM or vice-
versa. This behavior may be observed for possible co-
relation during steady-state loading-unloading of pump 
assembly. 

Figure 5  Port area opening with shaft rotation. 

The preliminary analysis of response parameters of pump 
obtained during experimentation has been done. The 
comparison of response parameters with their limiting 
values for three pressure cycles is summarized below in 
Table 3. 
It is observed that pressure pulsation (oscillation in steady 
state pressure value during operation) is moderately low 
and perhaps well within tolerable limits. The frequency 
associated with pump rotation and its higher multiples did 
not affect the steady-state behavior. The response time 
(response of a system to perturbation) is relatively high. 

Table  2  Cumulative valve port opening area 

Experimental  Analytical 

Figure 6  Swash Plate Angle with respect to time.

The range of response time for full flow to zero flow is 70 
to 100 seconds and for zero flow to full flow, when 
pressure is regulated, is 298 seconds to 400 seconds. The 
settling time (time taken to settle down when switched 
from one to another steady state) within limits for full 
flow to zero-flow but beyond limits for zero flow to full 
flow. 
The overshoot and the undershoot in percentage 
(maximum and minimum transient pressures during 
dynamic response) are within limits for full flow to zero 
flow. However, these are beyond limits for zero flow to 
full flow operation. 
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Experimental  Analytical 

(a) Swash Plate angle Increasing 

Experimental  Analytical 

(b) Swash Plate angle Decreasing 

Figure 7 Variation of swash-plate angle for pressure 
regulation 

Figure 8  Swash Plate Control Torque  
                (Set Pressure 210 bar) 

Figure 9  Hysteresis observed experimentally. 

Table- 3 Some Measured Data of the Pump 
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value 
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Figure  10  A typical record of experimental results  (Delivery pressure, flow rate and time response) 

Theoretical response 

During simulation, pressure-time history (203 to 210 bar 
and 210 to 203 bar) as obtained during experimental work 
has been used as input. The variation of swash-plate angle 
for pressure regulation of 203-210 bar has been estimated 
theoretically and compared with experimental response. 
The variation of swash plate angle in both the cases has 
been from 0-14 degrees. The general shape and trend of 
the theoretical curve agrees with the experimental results, 
though the experimental values of swash plate angle were 
derived from flow. Figure 7 shows the respective results. 
A sample result of the variation in torque when the swash 
plate start moving at the vicinity of set pressure zone, is 
shown in Figure 8. The estimated torque has good 
agreement with the experimental result except at the low 
flow zone. This is apparently due to the increase in 
mechanical resistances when swash plate approaches zero 
angle inclination. Usually such mechanical resistance 
leads to a hysteresis in forward and backward operation 
which is also realized during experiments as shown in 
Figure 9.  Some recorded data and specifications of the 
pump during a test are shown in Table 3 and Figure 10. 
It is apparent that the theoretical model is well established 
to estimate the swash plate torque. Such model can be 
incorporated in on-line control although possibly the 
model needs further refinements. 

SUMMARY 

The investigation was targeted to study and analyze the 
behavior of swash plate of a variable displacement, 
pressure compensated, in-line piston pump when 
subjected to  a pressure control signal. The equations have 
been developed to formulate the equation of motion of 
swash plate. An important consideration in developing the 
equations has been the net torque which acts on the 
swash-plate. In the derivation of the equations care has 
been taken to include as many parameters as possible viz. 
reciprocating piston torque, return spring torque, control 
piston torque and yoke viscous damping torque [7, 8 & 
11] for carrying out precise steady state and dynamic 
analysis. Inclusion of inertial terms, viscous damping 
terms, torque terms for control piston and  return spring, 
has made the mathematical model apt for dynamic 
analysis. Towards simplification of theoretical simulation, 
the comprehensive model developed was simplified by 
linearizing the equation set for torque due to piston 
pressure and the coefficient terms in the remaining 
describing equations [11].  
 It is observed during the preliminary analysis of the 
model under steady-state load conditions that the torque 
induced by the line pressure on the swash plate is quite 
significant. The pump assembly has been observed to 
respond in a sluggish manner to load input at extreme 
swash plate positions, either loading or unloading type. 
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The assembly load-deflection was found to be more or 
less linear, with intermediate zones of non-linearity. 
Large hysteresis was observed between loading and 
unloading. The origin of such losses could not be related 
to load-deflection characteristics of return–spring in 
isolation. Therefore, the phenomena has its co-relation 
with friction (stiction, Coulomb and viscous shear) 
associated with the pump assembly.  
Based on the correlation between the experimental and 
theoretical transient responses, it can be concluded that 
the simulation using simplified model and physical pump 
parameters does represent the dynamic response behavior 
of a variable displacement pump. The response of swash 
plate to dynamic and steady-state pressure inputs or 
perturbations is linear. Load–Deflection characteristics 
(Spring rate) of return spring play an important role 
because linearity of the spring has significant influence on 
the dynamic behavior. The transient period between the 
steady-states is very much influenced by nonlinearities 
associated with the pump-assembly as a whole.  
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ABSTRACT

This paper presents a new fluid-structure-thermal model of the slipper swashplate lubricating interface in axial piston 
machines. A combination of modeling techniques including finite volume and finite element methods are utilized to 
solve for the conditions of the thin fluid film, critical to machine operation. Nonlinearities present between physical 
domains pose a challenge for numerical convergence and therefore considerable detail is given on the algorithms used 
to achieve stable solutions. The developed model is then used to compare power loss from the lubricating interface both 
considering and neglecting solid body deformation for two different sizes of hydraulic units.

KEY WORDS

Axial-piston, Slipper, Elastohydrodynamic

NOMENCLATURE

B Shape matrix 
C Constitutive matrix 
cp Oil Heat Capacity ............................... J/kg·K
dDG Orifice diameter ......................................... m
F Force .......................................................... N
FfZ Fluid force .................................................. N
FHD Slipper hold down force ............................. N
FSK Piston reaction force ................................... N
FTG Viscous friction force ................................. N
F Centrifugal force ........................................ N
h Film thickness ............................................ m
p Fluid pressure ............................................ Pa
pcase Case pressure .............................................. Pa
pDC Displacement chamber pressure ................ Pa
pG Pocket pressure ......................................... Pa
P Power ........................................................ W

r Radial coordinate ...................................... m
QSG Fluid leakage ......................................... m3/s
t Time ............................................................ s
VNF Nodal force energy potential ................... Nm
vgr Radial velocity ........................................ m/s
v Tangential velocity ................................ rad/s
u Nodal displacement ................................... m
U Strain energy ........................................... Nm
z Gap height coordinate ............................... m

D Orifice coefficient
Strain

f Fluid Thermal Conductivity .............. W/m·K
Fluid dynamic viscosity ......................... Pa·s
Total potential energy .............................. Nm
Fluid density ........................................ kg/m3

Shear stress ........................................... N/m2
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INTRODUCTION

Axial piston pumps and motors are critical components 
in many hydraulic systems. Additionally, today more 
than ever before, the importance of improving hydraulic 
system efficiency is not just necessary but demanded by 
customers and economics. Modern system architectures 
such as pump controlled actuation eliminate valve losses 
which is a vast improvement over older systems in itself.
However, in these valveless systems, the efficiency of 
the pump, especially over a wide range of operating 
conditions, becomes of significant importance. 
The most critical components of an axial piston machine 
are the lubricating interfaces these fluid films separate 
heavily loaded movable parts from each other.
Additionally, the fluid film fulfills a double function 
sealing the regions of high and low pressure fluid from 
each other and bearing the pressure loads acting on the 
solid parts. This particular work will investigate one 
interface, the slipper swashplate interface as illustrated in 
Fig 1.

Figure 1 Cross section of an axial piston hydraulic pump

To improve the efficiency of the slipper interface and 
more generally, axial piston pumps, the underlying 
physical phenomena at play must be understood.  To 
facilitate this understanding, numerical models have 
been developed. As new physical effects are incorporated
into the model, it is also important to characterize the 
impact they have on one of the primary parameters of 
interest: power loss. Many works in the past have 
modeled the slipper swashplate interface for a variety of 
reasons and considered various physical effects [1-3].
This work aims to utilize and extend the past numerical 
models and then compare the effect pressure deformation 
of the slipper body has on power loss.

NUMERICAL MODEL

The slipper swashplate interface is assumed to operate 
under full film lubrication during steady state operation 
of the pump or motor. Although the macro motion of the 

slipper is governed by main pump kinematics, additional 
degrees of freedom are present on the micron scale. 
These micro motions allow the slipper to behave as a 
load adaptive bearing and respond to changing external 
loads. This adaptability is critical to the performance of 
the interface.
Partitioned Fluid Model

The slipper swashplate fluid model is divided into three 
regions as illustrated in Fig. 2. The displacement 
chamber pressure, pDC, is solved in a separate model by 
considering the continuity equation, fluid bulk modulus, 
and a dynamic orifice area derived from valve plate 
geometry. The displacement chamber pressure results are 
then used as a transient boundary condition for the 
slipper model. Pocket pressure, pG is modeled using a 
lumped parameter approach considering the continuity 
and orifice equations. Finally, the fluid film in the gap is 
modeled using the lubrication equation.

Figure 2 Partitioned fluid regions in the 
slipper-swashplate

Fluid flow in the lubricating gap is characterized by a 
low Reynolds number and assumed to be laminar with 
viscous forces dominating and inertial forces negligible.
Additionally, the length and width of the fluid film are 
significantly greater than its height, thus in the gap 
height direction pressure is assumed constant and fluid 
velocity is neglected. Considering these assumptions, the 
Reynolds equation, Eq. (1), in polar coordinates is used 
to solve for the pressure distribution in the lubricating 
interface [4,5].

3 3 3
2

1 1

6 2gr g

p p ph h h
r r r r r

h h hv v
r t

(1)

Special consideration is given to the term which 
will be discussed later. The partial differential equation is 
discretized using the finite volume method (FVM) and 
the resulting linear system is solved using the 
BiConjugate Gradient Stabilized numerical method with 
an incomplete LDLT preconditioner [6,7]. Pocket and 
case pressure are used as inner and outer boundaries, 
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respectively.
Notice in Eq. (1) that pressure is a function of the local 
viscosity of the fluid. Because the viscosity of oil is quite 
temperature dependent, and the oil temperature is 
non-uniform throughout the fluid film, the resulting 
temperature distribution must be considered. The
convective-diffusive form of the energy equation, Eq. (2),
is used to solve for fluid temperature [5,6]. The 
convective term in the gap height direction is neglected 
because fluid flow in that direction is assumed negligible
as stated earlier. 

p fc T TV (2)

The second term on the right hand side of Eq. (2)
represents the heat generation due to viscous friction 
where:

2 22 24
3

r rv vv v
z z r r

(3)

Equation (2) is discretized using the FVM and the 
resulting linear system is solved using a Gauss-Seidel 
successive over-relaxation (SOR) method. An empirical 
fluid model is used to correlate fluid pressure and 
temperature to viscosity for use in Eq. (1).
Pressure in the slipper pocket is solved using a 
conservation of mass approach [5]. Thus, flow leaving 
the pocket through the lubricating gap must equal flow 
entering the pocket from the displacement chamber. 
Fluid flow leaving the pocket is given by Eq. (4), and 
can be solved once Eq. (1) has found the fluid pressure 
field.

21
2SG

pQ z hz r dz d
r

(4)

Fluid flow into the pocket is dependent on the hydraulic 
resistance and pressure difference between the 
displacement chamber and the pocket. Since fluid flow 
in and out of the pocket is considered equal and the 
displacement chamber pressure is known, the appropriate
fluid resistance equation can solve for the pocket 
pressure. Assuming an orifice of diameter dDG, the 
pocket pressure is calculated using Eq (5).

2

28 SG
G DC

DG D

Qp p
d

(5)

Linear Elastic Structural Model

Large pressures can develop in the fluid film between the 
slipper and swashplate due to both hydrostatic and 

hydrodynamic effects. Because of the amplitude of 
pressure acting on the swashplate, linear deformation of 
the solid slipper body occurs on an order of magnitude 
comparable to that of the fluid film height. This effect 
has been known for some time and is referred to in the 
tribological community as elastohydrodynamic
deformation (EHD) [8,9].
The solid geometry of the slipper is meshed with first 
order tetrahedron elements using a commercial software 
package. The nodal locations and element connectivity 
are then imported into an internally developed linear 
elastic deformation model. The deformation model uses 
the finite element method and the minimum potential 
energy principle to formulate the stiffness matrix [10].
The total energy in an element, , is defined according 
to Eq. (6). This equation is differentiated with respect to 
the nodal displacements, u, and set equal to zero, 
minimizing the total potential energy in each element.

1
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Numerical Gaussian quadrature integration is used to 
solve the volume integral and the result is a system of 
linear equations representing the stiffness of an element. 
Each local stiffness matrix is assembled to form a single 
sparse global stiffness matrix. Nodes are constrained 
removing degrees of freedom from the solid model and 
the singularity from the stiffness matrix. The applied 
boundary conditions are shown in Fig 3. A 
preconditioning conjugate gradient method is used to 
solve the resulting linear system and find the nodal 
displacements.

Figure 3 Slipper deformation boundary conditions

To decrease the computational effort required, influence 
matrices for the gap surface and pocket are generated 
prior to simulation. This reduces the deformation 
problem from solving a sparse linear system to 
computing a weighted sum, Eq. (7) [11-13].

1

n

n n
i

u p I (7)
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Rigid Body Dynamics Model

The macro motion of the slipper is constrained by the 
ball-socket joint of the piston and the surface of the 
swashplate [1]. Due to these constraints, the slipper 
orbits the pump shaft as it rotates and follows the 
swashplate inclination. These motions are used to 
prescribe the necessary boundary velocity conditions in
Eq. (1).
In addition to the constrained macro motion, the slipper 
also exhibits what is termed micro motion. This motion 
is on the order of micrometers in magnitude and occurs 
in three degrees of freedom. Specifically, the slipper is 
able to slightly vary the fluid film thickness between the 
swashplate (Z) as well as rotate slightly about the xG and 
yG axes using the coordinate system illustrated in Fig 4.
This micro motion enables the load adaptivity of the 
slipper interface. Through constantly varying the velocity 
and thus position of the micro degrees of freedom, the 
pressure field generated by the slipper is able to change 
and respond to external loads [4].
A number of external forces act on the piston as shown 
in Fig. 4
acting on the slipper must be balanced. Thus the rigid 
body dynamics problem of solving for slipper 
micro-motion can be reformulated as a zero finding of 
net slipper forces [5]. Specifically, a Newton-Raphson 
method is used to solve for an instantaneous vector
which yields net forces within a toleranced zero. Recall 
the presence of a , or squeeze term in Eq. (1). As the 
Newton method varies this squeeze term, the 
hydrodynamic pressure field changes affecting the 
slipper net force balance; in this way a force balance is 
achievable. Because a zero finding method is already 
required, a second order Adams Moulton implicit method 
is used to integrate the velocity with respect to time 
solving for the new slipper position. Since the slipper 
position now changes within each timestep thanks to the 
implicit method, the h term in Eq. (1) also varies with 

resulting in a more stable scheme.

Figure 4 Coordinate system and forces acting on the 
slipper

Non-Linear Coupling Solver

The ability to combine all of the individual models and 
numerical schemes into a fully coupled and converging 
simulation is frequently one of the largest challenges in 

fluid structure interaction (FSI) problems. In this 
problem, the coupled nonlinearities present in Eqs. (1),
(2), (5), and (6) are solved. Because the problem is 
formulated using a partitioned approach with each 
physical quantity being solved separately, an under 
relaxed fixed point iteration method is employed to 
achieve convergence [11,12,14]. This process is 
illustrated in Fig. 5.

Figure 5 Inner loop to solve for nonlinearities between 
domains.

Deformation Squeeze Pressure

It was found through simulation that special attention 
needs to be given to the transient effect of solid body 
deformation. The interdependence of pressure, p, on gap 
height, h, and then gap height on pressure is clear from 
examining Eqs. (1) and (7). However, for a given 
timestep there is not an apparent influence of 
deformation on the Reynolds squeeze term. This of 
course is because in the strict sense the deformation 
model is linear static. Yet, since the deformation varies 
between timesteps, it is clear the deformation must be 
transient. To account for this, a first order backwards 
difference method is used to compute the for every 
volume. This is then added to the from the 
Newton method and used in the source term of the
Reynolds equation. For a majority of the pump 
revolution, the deformation squeeze effect is actually 
quite small because of similar pressures and thus 
deformations from timestep to timestep. However, during 
the switch from high to low pressure and low to high 
pressures the magnitude of deformation can change 
significantly between timesteps. It is in these instances 
where the deformation squeeze effect becomes important 
to provide the necessary hydrodynamic pressure.
Once the inner fixed point loop converges, the net force 
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balance is computed and that value is returned to the
Newton method. As the Newton method varies the 
squeeze velocities searching for a velocity vector which 
will balance the external loads, the inner fixed point loop 
must again converge for the new squeeze velocity values.

Power Loss

The power loss in the slipper-swashplate interface comes 
from two sources: viscous friction between the slipper 
and swashplate, and fluid leakage through the slipper 
from the displacement chamber. These two sources are 
illustrated in Fig. 6.

Figure 6 Viscous friction and leakage in the slipper 
swashplate interface

The instantaneous power loss is calculated with Eq. (8).

SG DC case r rP Q p p v v dA (8)

RESULTS

To investigate the impact of slipper deformation on 
power loss, two different pump sizes (18 and 75 cc/rev)
were simulated. These simulations were conducted 
considering a range of operating conditions both with 
and without slipper pressure deformation. The operating 
conditions are expressed as the difference in pressure 
between the high and low pump ports, the shaft rpm 
speed, and the swashplate angle as a percentage of its 
maximum displacement.

18 cc Pump

Figure 7 is a comparison of the modeled power loss for 
the 18 cc pump under six different operating conditions 
considering an EHD versus rigid slipper model. (Note 
the power loss over a shaft revolution is plotted starting 
with the pumping stroke from 0-180 deg. and then the 
suction stroke from 180-360 deg.) For some operating 
conditions there is a marked difference between the two 
models. More can be understood by comparing Fig. 7
with Fig. 8 which are the average gap heights of the 
slipper. Notice the rigid modeled gap heights are rather 
low, all below 1.5 . Because the EHD model at times 
doubles the height of the small gap, viscous friction is 
reduced lowering the predicted power loss.

Figure 7 Comparison of slipper power loss in EHD and 
rigid models for an 18 cc/rev pump

Figure 8 Comparison of slipper average gap height in 
EHD and rigid models for an 18 cc/rev pump
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To understand why the EHD model predicts higher gaps
in this instance, it is necessary to delve deeper into the 
physics. Figure 9 illustrates the typical deformation 
mode of the slipper during the pumping stroke; note how 
the lubricating surfaces bow outwards.  As the slipper 
translates over the swashplate, the fluid film on the 
leading and trailing edges will experience an increase 
and decrease in pressure respectively from the 
deformation shape. The pressure effect from the bowing
is commonly referred to as the physical wedge effect of 
the Reynolds equation.

Figure 9 EHD deformation shape (scaled 300x)

In actual slipper operation, the leading and trailing 
pressures must be nearly equal to maintain net force 
equilibrium on the slipper body.  To achieve equal 
pressures now with a deformable slipper body, the 
slipper must adjust its micro motion. A comparison 
between rigid and EHD gap sections is shown in Fig. 10.
(Note the pocket height is not shown)
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Figure 10 Section cut of slipper gap height normal to the 
x-axis for EHD and rigid models

The EHD model rotated the slipper so the trailing edge is 
either converging or parallel to the swashplate. This 

allows pressures to build on the trailing edge while 
lifting the leading edge so the wedge effect from the 
deformation is less pronounced. The net effect of this 
action is a balance of pressure between the leading and 
trailing surfaces which in turn lifts the slipper slightly 
away from the swashplate.

75 cc Pump

The 75 cc/rev pump was modeled and simulated in the 
same fashion as the 18 cc/rev unit. Aside from obvious 
geometrical size differences, the 75cc unit had a fixed 
slipper hold down device as opposed to the spring type in 
the 18cc unit. To model this difference, the FHD force is 
zero until the slipper reaches the fixed hold down 
clearance. Beyond that height, a stiff linear spring is used 
to represent the fixed holder.
Figures 11 and 12 are comparisons of the modeled power 
loss and average gap height for the 75 cc pump under 
four different operating conditions considering an EHD 
versus rigid slipper model.

Figure 11 Comparison of slipper power loss in EHD and 
rigid models for a 75 cc/rev pump

In Fig. 11, the power loss between the EHD and rigid 
models for the left operating conditions are very similar, 
and for the right conditions only differ in the 90-180 deg. 
range. The reason pressure deformation has less impact 
on this larger unit when compared to the 18cc one lies in 
the magnitude of interface gap heights. The gap heights 
for the 75cc pump vary between 5-25 , significantly 
greater than the 18cc unit. Because the pressure 
deformation is on the magnitude of 1-2 , the ratio of 
deformation to rigid gap height is much greater on the 
18cc unit, thus the effect is also larger. Recognize the 
property of larger gap heights on larger pumps is not a 
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rule, but rather a coincidence in this study.

Figure 12 Comparison of slipper average gap height in 
EHD and rigid models for a 75 cc/rev pump

CONCLUSIONS

This paper used an advance fluid-structure-thermal, rigid 
body dynamics model to investigate power loss in the 
slipper-swashplate interface of two different axial piston 
pumps under a range of operating conditions. It was 
found that considering the deformation due to fluid 
pressure has a significant impact on the modeling power 
loss, especially on units where the deformation 
magnitude becomes comparable to the overall gap height. 
Moreover, the pressure deformation magnitudes in actual 
pumps are on a similar scale to the gap height.

It was found that considering the squeeze pressure 
buildup due to changing pressure deformation is also 
important, especially during the switch between pumping 
and suction strokes. In these time periods, the bowing of 
the slipper changes rapidly with displacement chamber 
pressure and the additional hydrodynamic squeeze
pressure enables successful operation.
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ABSTRACT 

Vibration and noise caused by pressure pulsation, known as fluid borne vibration or fluid borne noise, are one of 
detrimental problems in the fluid power system. The Helmholtz type variable resonance attenuator called the 
multi-degree of freedom type Helmholtz resonator has been designed to attenuate several harmonic frequencies. The 
resonator consists of one cylindrical vessel and some chokes inside the vessel. The development of the multi-degree of 
freedom type Helmholtz resonator applying to hydraulic systems operated under the variable speed condition is a final 
goal of this research project. The aim of this report is to establish the design criteria of the resonator specifications. In 
particular, the effect of diameter and length of the choke and cylindrical cavity for the attenuation performance is 
investigated analytically. 

KEY WORDS 

Pressure pulsation, Hydraulic system, silencer, Helmholtz resonator 

NOMENCLATURE 

Ai  : Transfer matrix of the ith divided cylindrical  
cavitiy 

Bi  : Transfer matrix of the ith divided choke 
Cfi  : Viscous damping coefficient of the ith divided  

choke 
c   : Speed of sound 
Dh  : Diameter of cylindrical cavity of standard  

Helmholtz resonator 
d0  : Diameter of cylindrical cavity 
d4  : Diameter of main line 

di  : Diameter of the ith divided choke 
dh  : Diameter of choke of standard Helmholtz resonator 
fn  : Resonance frequency of standard Helmholtz  

resonator 
fr.i  : the ith resonance frequency of resonator 
fr.i

* : Desired value of fr.i
K  : Gain factor 
ki  : Spring coefficient of the ith divided cylindrical  

cavity
Li  : Length of the ith divided cylindrical cavity 
Lh  : Length of cylindrical cavity of standard Helmholtz  

resonator 
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li   : Length of the ith divided choke 
lh  : Length of choke of standard Helmholtz resonator 
mi  : Mass of the ith divided choke 
P : Pressure pulsation 
Pd  : Discharge mean pressure 
Q : Flow pulsation 
s   : Laplace operator 
T : Transfer matrix of resonator 
TL  : Transmission loss 
Vh : Volume of cylindrical cavity of standard Helmholtz  

resonator 
Wi : Incident energy of pulsation into silencer 
Wi : Transmitted energy of pulsation through silencer 
X : Design variables 
Zc.4 : Characteristics impedance of main line 
Zc.i  : Characteristics impedance of the ith divided  

cylindrical cavity 
Zh  : Entry impedance of standard Helmholtz resonator 
Zr  : Entry impedance of resonator  

   : Ratio of transmission loss at resonance frequency 
   : Bulk modulus of oil 
   : Kinematic viscosity of oil 
   : Density of oil 
n  : Resonance angular frequency of standard 

    Helmholtz resonator 
  : Complex coefficient for unsteady viscous friction 

effect 
   : Damping coefficient 

INTRODUCTION

It is well known that all positive displacement pumps 
generate flow pulsation, which interacts with the 
hydraulic circuit to produce pressure pulsation. The 
pressure pulsation is usually the primary noise source of 
the hydraulic circuit because it is very easily transmitted 
throughout the entire system and then excites the 
mechanical parts that generate audible noise. The 
pressure pulsation is a periodic function of time and its 
frequency characteristics is comprised of a fundamental 
frequency and higher harmonics. The amplitudes of the 
first, the second and the third harmonics are often 
dominant components in the pressure pulsation. 
Therefore attenuating the amplitude of these harmonics 
is an effective way of reducing the system noise.   
The attenuator called “the multi degree of freedom type 
Helmholtz resonator” has been developed in the past [1]. 
Unlike a conventional standard type Helmholtz resonator, 
this device has a feature that it is possible to adjust freely 
the resonance mode to the desired resonance mode, i.e. 
the desired resonance frequencies and mode shapes, with 
a single closed-end cylindrical vessel configuration. 
However the multi degree of freedom type Helmholtz 
resonator can be only applied to the system which runs at 
a constant pump rotational speed. The hydraulic systems 

such as an excavator or an injection molding machine are 
operated under the constant speed condition. But the 
attenuator which covers wider frequency range is desired. 
Therefore the final goal of this research project is that the 
present Helmholtz resonator can be applied to the 
hydraulic systems operated under the variable speed 
condition. This will be achieved by adding some variable 
resonance mechanism to the resonator. The past work has 
been clarified the present resonator have the capability of 
the variable resonance attenuation performance by 
changing the dimensions of the resonator continuously 
[2]. 
In this report, we focus on the design criteria of these 
dimensions. The relationship between the dimensions 
and the attenuation characteristics is discussed. In 
particular, the effect of length and diameter size of the 
standard type Helmholtz resonator is examined in order 
to clarify how these dimensions have an influence on the 
attenuation performance. This information will be 
important to design the dimension of the multi degree of 
freedom type Helmholtz resonator. 

MULTI DEGREE OF FREEDOM TYPE 

HELMHOLTZ RESONATOR

Fundamental principle and Structure

Fig.1 shows the structure of the multi degree of freedom 
type Helmholtz resonator. Some chokes (e.g., three 
chokes in Fig.1) are inserted in a closed cylindrical 
vessel. These chokes divide the vessel into some 
cylindrical cavities. Fig.2 shows the physical model of 
this resonator. The fluid in each chokes acts as a mass 
due to the inertia effect of fluid, and each divided 
cylindrical cavities act as a spring due to the capacitive 

Fig.1 The multi degree of freedom type 
 Helmholtz Resonator 

P1 P2
Q2Q1

l1

l2

l3

L1

L2

L3

d3

d2

d1

d0

Volume

Choke

Main flow
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effect of fluid. The viscous friction in each chokes acts as 
a dashpot effect. In the case of Fig.1, the resonance 
phenomena of three degree of freedom system, which is 
based on the three spring-mass systems in Fig.2, are 
utilized for attenuation of pressure pulsation. Resonance 
frequencies of this multi degree of freedom type 
Helmholtz resonator can be tuned freely by appropriately 
adjusting the lengths and diameters of each chokes and 
cavities. 
Mathematical model 

For modeling of the resonance phenomena of the multi 
degree of freedom system, the lumped parameter model 
that considers only the compressibility (capacitive effect) 
of the fluid in the cavity can be approximately used (it is 
described in the next chapter). But, in this work, the 
distributed parameter model has been used also for the 
fluid in the cavity of this Helmholtz resonator in order to 
improve the design accuracy. Assuming the fluid flow in 
the cylindrical cavity to be two-dimensional, 
compressible and laminar one, the Laplace transfer 
matrix between the upstream and the downstream for the 
ith divided cylindrical cavity Ai is given by the following 
equation [3]. 
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where s is Laplace operator, c is the speed of sound in oil, 
Li is the length of the ith divided cylindrical cavity. (s)
and Zc.i are the complex coefficient for unsteady viscous 
friction effect and the characteristic impedance of the ith
divided cylindrical cavity respectably. These parameters 
are expressed as follows. 
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and  are the density and kinetic viscosity of oil. For 
the cylindrical cavity, all diameters of divided parts are 
the same as di=d0.
The transfer matrix of choke is also given by the same 
equation as Eq.(1). But this equation can be simplified 
like Eq.(4) because the length of choke li is generally far 
shorter than the wave length. 
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Therefore, for the Helmholtz resonator with three chokes 
shown in Fig.1, the transfer matrix between the inlet and 
the closed-end of cylindrical vessel can be described by 
the following equation with the transfer matrix C

332211 ABABABC

2.21.2

2.11.1

CC
CC

     
(5) 

Since this resonator are branched off from the main line, 
The relationship between the variables P1, Q1 at the inlet 
and P2, Q2 at outlet of the resonator in the main line can 
be derived using Laplace transfer matrix T as follows 
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Zr is the entrance impedance of the resonator. Once the 
transfer matrix is determined, Transmission Loss can be 
calculated from the Eq.(8). Transmission Loss is a 
measure of the attenuation performance of hydraulic 
silencer under the anechoic termination condition. It 
means the ratio of the incident and transmitted pulsation 
wave energy of hydraulic silencer. 
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c

Z
Z 4.2

2
1log20

         
(8) 

where Zc.4 is the characteristic impedance of the main 
line and is obtained from Eq.(2) and (3) (in this case 
di=d4). Fig.3 shows the transmission loss characteristics 
of an example design of the three degree of freedom type 
Helmholtz resonator.  

Fig.2 Physical Model of The multi degree of freedom 
type Helmholtz Resonator 
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SIZING HELMHOLTZ RESONATOR

The main feature of the multi degree of freedom type 
Helmholtz resonator is that it can make up the resonance 
phenomenon at any desired frequencies. In order to 
achieve the desired attenuation performance, the 
diameter and length of each chokes and cylindrical 
cavities must be appropriately determined. In this report, 
to understand how these design parameters affect the 
attenuation performance, the dimension study of the 
standard one degree of freedom type Helmholtz 
resonator are carried out. 
Standard Type Helmholtz Resonator

The structure of a standard type Helmholtz resonator is 
shown in Fig.4. The inverse of the entrance impedance of 
this standard type Helmholtz resonator can be given by 
Eq.(9) using the lumped parameter model [see the 
appendix]. 
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This model includes the well-known standard second 
order lag element. K is the gain factor,  is the damping 
coefficient and n is the resonance angular frequency. 

These parameters are described by the following 
relational expressions. 
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where dh is the diameter of choke, lh is the length of 
choke, Vh (= Dh

2Lh /4) is the volume of cylindrical 
cavity,  is the bulk modulus of oil. The resonance 
angular frequency n can be rewritten in frequency unit. 
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Transmission loss for the standard Helmholtz resonator 
is also derived from Eq.(8) and (9). 
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From above equations, the attenuation performance, i.e. 
the resonance frequency fn and the peak value of 
transmission loss TL, can be related to the design 
parameters as follows. 
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These relations are very important to design the multi 
degree of freedom type Helmholtz resonator as well as 
the standard Helmholtz resonator. It can be said that the 
diameter of the choke dh is more sensitive to the 
attenuation performance of the resonator. The interesting 
knowledge from Eq.(13) is that the volume of the 
cylindrical cavity is independent from transmission loss 
characteristics. The maximum attenuation performance is 
determined only by the dimension of the choke.  
The distributed parameter model is also examined for the 
standard type Helmholtz resonator and is compared to 
the lumped parameter model. The model can be derived 
from the same manner as the multi degree of freedom 
type Helmholtz resonator, which was mentioned in the 
previous chapter, but the standard Helmholtz resonator 

Fig.3 Typical transmission loss characteristics of the 
multi degree of freedom type Helmholtz Resonator 

Fig.4 Structure of standard type Helmholtz Resonator 
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only uses a set of the choke and cylindrical cavity in 
Eq.(5). Fig.5 shows the comparison between the lumped 
parameter model and the distributed parameter model 
together with the experimental result. The dimension of 
the resonator is chosen as dh =6 mm, lh =20 mm, Vh =3.93

10-4 m2 (Dh =50 mm, Lh =200 mm). The experimental 
result was calculated from the experimentally acquired 
transfer matrix of the standard Helmholtz resonator [4]. 
It can be seen from this figure that there are difference 
between two models in terms of the resonance frequency 
and its peak value of transmission loss. Since the 
experimental result agrees better with the distributed 
parameter model than the lumped parameter model, the 
distributed parameter model should be used to design the 
Helmholtz resonator. This is mainly because the inertia 
effect of the cylindrical cavity cannot be neglected, while 
the lumped parameter model only takes into account the 
compressibility effect. Nevertheless, the lumped 
parameter model can be also utilized to roughly design 
the resonator since it is expressed in the simple form as 
in the Eq.(13), which give us the idea how the design 
parameters relates to the attenuation performance. 
The influence of dimensions change is investigated. This 
study helps us how to size the choke and cylindrical 
cavity of the Helmholtz resonator. Firstly, the volume of 
cylindrical cavity Vh is varied by changing the length of 
cylindrical cavity Lh. The calculated results for both the 
lumped and distributed parameter models are shown in 
Fig.6. As expressed in Eq.(13), the cylindrical cavity has 
no effect on the transmission loss characteristics in the 
lumped parameter model. It can be said that the result of 
the distributed parameter model has also little influence 
on the transmission loss compared with dimensions of 
the choke. Concerning about the resonance frequency fn,
both results shows the relation of hn Vf /1 . These 
results imply the fact that varying the volume of the 
cylindrical cavity makes it possible varying the 

resonance frequency without changing the peak value of 
transmission loss. Therefore, any mechanism which 
varies the size of volume is enough to realize a variable 
resonance type Helmholtz resonator.  
Secondly, the length of choke lh is chosen as the 
parameter. Fig.7 shows the influence of the choke length 
change. The difference between the transmission losses 
of two models are came up in the figure, however this 
difference is not important in this report as explained in 
Fig.5. The significant derivation from this figure is that 
the relations between the length of choke lh and both the 
resonance frequency fn and transmission loss TL are 
appeared identically as it is expressed in Eq.(13). These 
are hn lf /1  and hlTL /1 , respectably. It should 
be noted that tuning the resonance frequency fn by 
varying the length of choke lh has limitation since the 
frequency fn will reach the minimum value within a 
practical range of choke length (lh <100 mm). 
Finally, the influence of choke diameter dh is examined 
in Fig.8. In this figure, the result of a side branch 
resonator is added to the two models. The side branch 
resonator is only a branch pipe installed in the main flow 

Fig.5 Comparison of lumped parameter model, 
distributed parameter model and experimental results 

(For experimental result, Pd =10MPa ) 

Fig.6 Influence of length of cylindrical cavity Lh
(Lumped parameter model, fn:    , TL:    ,

distributed parameter model, fn:    , TL:    ) 

Fig.7 Influence of length of choke lh
(Lumped parameter model, fn:    , TL:    ,

distributed parameter model, fn:    , TL:    ) 
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line. The pressure pulsation is attenuated by utilizing the 
reflection of pulsation wave in the branch pipe. The 
resonance frequency of the side branch resonator is 
dependent only on the length of branch pipe. In the case 
of this figure, the length of side branch becomes lh + Lh
=220 mm and the diameter of choke dh corresponds to 
the diameter of side branch. It can be pointed out that the 
resonance frequency result of the distributed parameter 
model starts to deviate from the lumped parameter model 
at dh =10 mm, and this deviation becomes large with a 
increase of the diameter dh. The result of transmission 
loss shows a same tendency as the result of the resonance 
frequency. These deviations can be explained that the 
Helmholtz resonator begins to act as the side branch 
resonator when the diameter of choke is close to the 
diameter of cylindrical cavity. Then when the diameter of 
choke and cylindrical cavity is the same, the attenuation 
characteristics become completely that of the side branch 
resonator. In practice, however, the diameter of 
cylindrical cavity is usually larger than the choke 
diameter (the maximum diameter of choke will be the 
diameter of main line). Regarding the resonance 
frequency fn of the distributed model (blue line), fn makes 
a transition from the lumped parameter model to the side 
branch model.  

DESIGN EXAMPLE OF THREE DEGREE OF 

FREEDOME TYPR HELMHOLTZ RESONATOR

An example of the three degree of freedom type 
Helmholtz resonator which has the variable resonance 
ability is designed by the optimum design method. Based 
on the knowledge from the previous chapter, the variable 
resonance phenomenon is realized by varying the length 
of the cylindrical cavity, i.e. varying the volume of the 
cylindrical cavity. Hence the optimum design method is 
used to determine the unknown lengths of three 
cylindrical cavities. The purpose of this calculation is to 

search the unknown values so that the resonance 
frequencies fr.i of the resonator coincide with the desired 
values fr.i

*. The ratios of transmission loss at the 
resonance frequencies  are constrained while searching 
the unknown lengths (as =1.0). The following 
equations represent the design variables, the objective 
function and the constraint condition. 

Design variables: 

X={ L1, L2, L3}T (14) 

Objected function: 

f (X)=| fr.1 - fr.1
*|+| fr.2 - fr.2

*|+| fr.3 - fr.3
*| (15) 

Constraint condition: 
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The lengths and diameters of chokes are set to l1=12.9 
mm l2=7.3 mm l3=4.6 mm d1=6 mm d2=4 mm
d3=2.5 mm, and the diameters of cylindrical cavity is 
d0=49.5 mm. For the optimum design algorithm, 
Powell’s conjugate directions method is adopted to 
search for the design variables [5]. Fig.9 shows the 
searched lengths of cylindrical cavities when the 
resonance frequencies are varied. The horizontal axis of 
the figure is the desired first resonance frequency fr.1

*.
The second and third resonance frequencies are twice 
and three times of fr.1

*. It is obvious from the figure that 
the lengths of all three cylindrical cavities are varied 
continuously with the resonance frequency change. 
Therefore varying the lengths of three cylindrical 
cavities makes it possible the variable resonance ability 
at the desired frequencies. The transmission loss 
characteristics of this example design is shown in Fig.10. 

Fig.8 Influence of diameter of choke dh
(Lumped parameter model, fn:    , TL:    ,

distributed parameter model, fn:    , TL:    , 
side branch, fn:    )

Fig.9 Example design of present resonator 
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The figure clearly indicates the design variables are well 
searched with the given constraint condition =1.0 for all 
the frequency range 125 Hz < fr.1

* <400 Hz. The peak 
values of transmission loss at each resonance frequencies 
are almost constant when the lengths of cylindrical 
cavities are varied. As discussed before the change of 
these lengths have little influence on the transmission 
loss.

CONCLUSIONS 

The final aim of this research is the development of the 
multi degree of freedom type Helmholtz resonator which 
can be applied to the hydraulic systems operated under 
the variable speed condition. In this report, in order to 
establish the design criteria of the present Helmholtz 
resonator, the transmission loss characteristics was 
theoretically investigated with respect to the design 
parameters for a conventional one degree of freedom 
type Helmholtz resonator. From these results the 
relationship between the design parameters such as the 
length and diameter and the attenuation performance was 
clarified. It is also confirmed that these information can 
be used to design the multi degree of freedom type 
Helmholtz resonator. 
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APPENDIX 

The motion equation of oil inside the choke in Fig.4 can 
be expressed in the following equation. 
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ac is the cross sectional area of choke. Using the Laplace 
transform with respect to P and Q, the Eq.(A.1) becomes 

313 PPQCms          (A.2)

where m is the inertial mass of fluid and C is the 
damping coefficient caused by viscous friction in the 

choke. These are defined as m= lh/ac and C=
4
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respectably. The continuity equation considering the 
compressibility of oil in the cylindrical cavity can be 
given by  
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The Laplace transform of Eq.(A.3) becomes the 
following equation with the elastic coefficient k= /Vh.
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Hence, the inverse entrance impedance can be derived as 
follows. 
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Fig.10 Transmission loss characteristics of example 
design 
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APPROXIMATE SIMULATION OF PNEUMATIC STEADY FLOW 
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The conventional analysis of the Fanno flow is applicable for the air flow through the uniform adiabatic rigid pipe with 
friction losses. But it has the short-coming that the numerical method is inevitable in the analysis. In this paper we 
present the simple methods to calculate approximate characteristics for the Fanno flow in considering the dependency 
of the friction factor on the Reynolds number. And the usefulness of the simulation is shown by comparing the 
calculations to the experimental results. 

; Pneumatic pipeline, Steady flow, Friction, Choking, Simulation 

C: Sonic conductance (M2=1) 
Ce: Conductance (M2<1) 
c : Speed of sound 
cp: specific heat at constant pressure 
D : Inner diameter of tube 
f : Friction factor 
K : Loss coefficient 
L : Length of tube 
M : Mach number
p : Static Pressure  
qm : Mass flow rate
R : Gas constant 
ReD: Reynolds number
T : Static Temperature
v : Axial speed of flow 

: Specific heat ratio 
:Viscosity 
: Kinematic Viscosity 

: Density of air
Subscripts 
0: Stagnation state 
1: Upstream end 
2: Downstream end 
a :Approximate value 
c : Critical or Choking condition 
sra : Standard reference atmosphere 
*:State at the section where M=1

The steady flow of the air through the uniform 
adiabatic rigid tube with friction losses can be modeled 
by the Fanno flow.[1],[2],[3] But its analytical solution 
is not available and so the numerical method is 
inevitable in the analysis. We presented the paper [4] on 
the simulation for the Fanno flow. In the paper the 
friction factor f was treated as the constant factor and 
chosen so that the simulation results fit to the 
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experimental results.
Now we take into considerations the dependence of the 
friction factor on the Reynolds number and introduce 
the new method to calculate approximate characteristics 
for Fanno flow.

The basic equations for the Fanno flow are written as 
followings.  
Equation of conservation of mass 

0
v
dvd     (1)

Equation of motion 

22
4 22 vdKdpvdx
D
fdpvdv    (2)

Energy equation 

0dTcvdv p
    (3)

Gas state equation 

RTp      (4)

pp

T0

x=L

1 2Df

R

qm ReD

M1 M2

x
x=0

T0

Figure1 Variables and parameters of a tube 

1) M2 1 (Subsonic condition) 
We assume that the effects of compressibility are 

negligible with regards to the relationship between the 
friction factor and the Reynolds number. As the result 
incompressible formulas on the friction factor may be 
applicable for the Fanno flow in the subsonic region.  

The Reynolds number is written by Eq. (5) 

D
qvDvDR m

eD
4     (5)

The viscosity of the air is evaluated by the 
following Sutherland equation.

23

r

r
r T

T
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rT =291.2K, r =18.27 10-6 Pas and S= 120 K. 
We assume that the temperature T of the air near the 

adiabatic wall of the tube is nearly equal to the   
stagnation temperature T0. We substitute T0 for T in Eq. 
(6) through this paper. From these assumptions we 
considered that the Reynolds number ReD and the 
friction factor f do not change their value along the tube. 

The loss coefficient K is given 
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Solving Eq.(1) to Eq.(7) the friction factor f is obtained  
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The static pressure ratio p2/p1 is expressed as a 
function of the Mach number ratio M1/M2 for a fixed 
value of the Mach number M2 as shown in Eq. (9). 
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Solving Eq. (9), the Mach number ratio (M1/M2) is 
expressed as the function of the Mach number M1 for 
the given static pressure ratio p2/p1 as follows. 
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Substituting Eq. (10) into Eq. (8), the friction factor f
is expressed in a functional form as follows, 

1p21 Mff    (11) 

 Simultaneously the friction factor f is related to 
Reynolds number ReD as followings. 

6
eD

4 105101 R   Filonenko's equation 
2

eD10 64.1log82.125.04 Rf            (12a) 

5
eD

3 101103 R Blasius formula
41

eD0791.04 Rf   (12b) 

The mass flow-rate qm is also the function of M1 for 
the given value of the static pressure p1 and the 
stagnation temperature T0. 
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From Eq. (5), (6), (12) and (13), we get the function 
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1Re Mff                                 (14)

The simultaneous equations Eq. (11) and Eq. (14) are 
solved numerically for the given parameters D, L, R,
and boundary conditions p1, p2, T0.

Since fp21(M1) and fRe(M1) are monotonously 
decreasing functions of M1 like an example as shown in 
Figure 3, it is straightforward to find the cross point of 
these curves.  

Let fs and M1s be the solution of the simultaneous 
equations. Substituting the solution M1s into Eq. (13), 
the flow rate can be determined for the static pressure p1
and the stagnation temperature T0. 
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Figure.2 An example case of fp21(M1) and fRe(M1) 

We adopted MATLAB and Simulink as the one of the 
simulation tools. The numerical searching the cross 
point is programmed as the MATLAB Function. It is 
integrated in the Simulink as shown in Figure 3.  

p2

4e5

p1

8e5

T0

293

L

4

Fanno model

MATLAB
Function

D

4e-3
qm

M1

f

Figure.3 Simulink block 

Solving Eq. (9), the Mach number M2 is expressed on 
the given static pressure ratio p2/p1 and the Mach 
number M1. 
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We can estimate the Mach number M2 by substituting 
the Mach number M1s into Eq. (16) for the given static 
pressure ratio. Since the range of the Mach number M2
in Eq. (15) is less than the unity for the subsonic flow, 

the domain of the static pressure ratio p2/p1 and the 
related Mach number M1s has to be restricted within the 
relevant extent. 

2) M2=1  (Critical condition) 
To simplify a discussion we assume that the air blows 

directly into the atmosphere or a large chamber from the 
outlet of the tube shown in Figure 1. 

Let p2 be the static pressure at the adjacent interior side 
of the cross section of the outlet. The static pressure p2
may be nearly equal to the static back pressure pb in the 
downstream chamber if the Mach number M2 is lesser 
than unity. 

The Mach number unity is reached at the outlet by the 
choking due to friction. In this critical condition we 
assume that the static pressures p2 is equal to the static 
back pressure pb. 
Specifying the stagnation temperature T0 and the static 

pressures p2
* first, the static temperature T2

*, the 
velocity of sound c2

*, the density 2
* and the mass 

flow rate qmc are given as follows:
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From Eq. (5), Eq. (6), Eq. (12), and Eq. (19), we can 
estimate the friction factor fc . 
 From Eq. (8) and Eq. (9), the loss coefficient Kc at the 
choking condition is written as the function of the Mach 
number M1c at the inlet. 

2
c1

2
c1

2
c1

2
c1c

c 12
1ln

2
114

M
M

M
M

D
LfK          (20)

We proposed the inverse functions to compute the 
approximate Mach number M1ca in our former paper [4] 
as followings. 

4c21ca1
3exp aKaaM a

  (21) 

The parameters ai (i=1 to 4) are listed for several 
intervals of the loss coefficient Kc in Table 1. 
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Table 1 Parameters in Eq.(22) 

Kc a1 a2 a3 a4

0.1<Kc 1 0.95 0.728 0.415 0.05
1<Kc 25 0.9 0.787 0.386 0.1

25<Kc 110 0.4 0.29 0.475 0.052
110<Kc 200 0.405 0.349 0.39 0.0333
200<Kc 700 0.33 0.28 0.38 0.0223

The Mach number M1c and M1ca are shown on the 
same plane (Kc, M1c) and (Kc, M1ca) in Figure 4. They 
coincide on the one line. 
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Figure 4 Comparisons of Eq. (20) and Eq. (21) 

Substituting p2
*, M1ca and M2=1 in Eq. (9), the critical 

static pressure ratio b21 is obtained. 

1
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p
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  (22) 

The critical stagnation pressure ratio p02*/p01c and the 
critical hybrid pressure ratio p2

*/p01c are related to the 
critical static pressure ratio b21 as follows.  
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Figure 5 is a numerical example which show the 
boundaries of the critical conditions on the static 
pressure p2

* and the static pressure p1c for different 
length of tubes. The pair of p1and p2 in the left upper 
side of each boundary line belongs to the un-choking 
region and the pair of p1and p2 in its right down side 
belongs to the choking region respectively. 

0 0.2 0.4 0.6 0.8 1 1.2 1.4 1.6 1.8 2 2.2 2.4

x 10
6

0.4

0.6

0.8

1

1.2

1.4

1.6

1.8

2
x 10

5

p
1c

 [Pa]

p
2*
 [

P
a]

L=4m

L=2m

L=10m

L=20m

D =4mm
T

0
=298K

Figure 5 Boundaries of the critical conditions 

3) M2=1  (Choking condition) 
 When the inlet stagnation pressure is constant and the 
static back pressure is reduced from the critical value, 
the Mach number M2 maintains unity and the choking 
continues. In this state the static pressure p2

* is higher 
than the static back pressure. Similarly when the static 
back pressure is maintained at a certain constant value 
and the inlet stagnation pressure is increased from the 
critical value, the choking state continues and the static 
pressure p2

* becomes higher than the static back 
pressure. In these states the flow at the downstream side 
of the outlet is highly affected by the shape of the 
downstream path and so one dimensional flow models 
are not appropriate to exact simulations.  

On the choking state we assume that the static pressure 
p2

* is related to the choking flow in the tube and 
independent of the static back pressure which is 
specified as the static pressure in the large chamber or 
the atmosphere. 

 The conductance in the subsonic region is defined as 
follows, 

sra

01

01sra

m
e T

T
p

qC
   (24) 

We considered two representative boundary conditions 
of flows through tubes. 

Case1: The static pressure p1 is constant and the static 
pressure p2 is variable. (Constant upstream) 
Case2: The static pressure p2 is maintained at the 

atmospheric pressure and the static pressure p1 is 
variable. (Variable upstream) 

Numerical examples of conductance on two cases are 
shown in Figure 6. 
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Figure 6 Conductance to static pressure ratio 

The solid and broken lines show Case 1 for the 
different upstream static pressure p1 and the dotted line 
shows Case 2 for the atmospheric downstream static 
pressure p2. The left end of each line shows the critical 
condition. The big deference is shown between Case 1 
and Case 2. 
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Figure 7 Friction factor 

Figure 7 shows the friction factors which are obtained 
by the simulator shown in Figure 3. In Case 2 the 
friction factor, shown by the dotted line, varies 
remarkably in the full range of the static pressure ratio. 
On the contrary the variations of Case 1, shown by the 
solid and broken lines, are small within the wide range 
of the static pressure ratio as in Figure 7.  

In the former report [4], we assumed that the friction 
factor f was uniform along tubes and equal to a certain 
constant value which was chosen so as to minimize the 
difference between simulation results and experiments 
in the corresponding range of the pressure ratio.  

In this constant friction factor model, the simulation 
results of the conductance for Case1 and Case2 become 
same and they are shown on a single line in the (p2/p1,
Ce) plane. For example, they are shown as three broken 
lines which correspond the friction factors f=0.004, 

f=0.0045 and f=0.005 respectively in Figure 8. The 
solid line in the Figure 8 shows the conductance for 
Case 1 (p1=600kPa) of the variable friction factor model. 
The solid line coincides the broken line for f=0.0045. It 
is considered that the constant friction models may be 
good candidates to model Case 1 on the variable friction 
factor model but not for Case 2. 
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Figure 8 Conductance for the constant friction model 

We calculated the conductance for several tubes by 
making use of our simulation program and compared 
with experimental results which were done at SMC Co.  

p01 p02

p1m p2mL

Figure 9 Test line and connected tubes 

Test lines are connected to the pressure measuring tubes 
by each transition connectors at the inlet and outlet of 
test lines according to the test procedure of ISO-6358 as 
shown in Figure 9. The static pressure p1m and p2m at the 
pressure measuring tubes are measured. It is considered 
that p1m and p2m are nearly equal to the stagnation 
pressure at the inlet and outlet of the test line due to the 
effect of each tapered transition connector respectively. 
We compared the calculated stagnation pressure ratio 
p02/p01 to the static pressure ratio p2m/p1m. In the 
simulations the stagnation pressure at the inlet or the 
outlet are adjusted to fit the boundary conditions. 

In Figure 10 to Figure 12 we show the calculated 
results of Case 1 by solid and broken lines and Case 2 
by dotted lines respectively. The measured values are 
shown by the marks and for Case 1 and the marks 

for Case 2.
For large ratio of L/D, for example 10000 or 1000, the 

simulation results are very similar to the measured 
results as in Figure 10 to Figure 11. Figure 12 for 
L/D=100 shows the big differences between them. 
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 We also checked up on our simulation results by 
comparing them with the results of the reference [5]. 
The experimental results which are picked up from the 
data in the reference are shown by marks in Figure 12. 
The lines are corresponding results of our simulation.  
Our simulation results shift to the greater direction of 
the conductance from the real experimental results [5]. 
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We also checked on the combination [5] of D=2mm and 
L=3m. The tendencies were similar to Figure 11.  

On the discrepancy between simulations and 
measurements, many reasons are considered. For 
example the velocity distribution is not uniform and so 
the average velocity is not equal to the speed of sound 
at the outlet in the choking condition. And also it is 
difficult to measure the stagnation pressure at the outlet   
and the exact estimation of the difference between p02
and p2m is impossible. One dimensional modeling has to 
be modified for better simulations. 
 It is confirmed that our simulation model is useful for 
practical calculations in the design of pneumatic 
systems. 
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ABSTRACT 

Seals are crucial for the functionality of pneumatic linear actuators. They separate chambers with different pressure 
levels. Little air leakage which leads to reduced volumetric efficiency is often accepted. More important is the role of 
friction which decreases the efficiency caused by tribological contacts between seals and counter surfaces. Furthermore, 
friction leads to reduced precision. Static friction models are state of the art within the designing of pneumatic systems 
including cylinder devices. These friction models are based on a description of the Stribeck curve. But they are not able 
to predict dynamic friction instabilities like stick-slip, increasing break-away force due to dwell-time and hysteretic 
friction phenomena. The paper shows a simulation approach based on a powerful rate- and state-dependent friction 
model. Loads on the tribological contact between seal and rod are realised by a structural mechanics method. The 
numerical results are compared with experimental investigations. 

KEY WORDS

Friction, Seal, Pneumatics, Elastomer, Thermo-Viscoelasticity 

NOMENCLATURE 

A : Area 
B : Left Cauchy Green strain tensor 
b : Contact width 
C1, C2 : WLF parameter 
C10, C01 : Mooney-Rivlin parameter 
e,  : Relaxation parameter 
F : Force 
I : Invariant 
m : Mass 
p : Pressure 
T : Temperature 

t : Time 
v : Velocity 
W : Strain energy density 
x : Stroke 

, ,  : Carlson-Batista parameters
 : Frictional state variable 

INTRODUCTION

Due to the simple and robust design pneumatic linear 
devices are often used for automation purposes to 
generate reciprocating motion. To ensure the 
functionality seals are applied, see Figure 1. They are 
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located at the piston to separate the cylinder chambers, in 
the area of the end cushioning and at the rod to enable a 
pressure difference between chamber and ambience. At 
the rod additional wipers are used to avoid a 
contamination of the pneumatic system by dust. They 
can be carried out as single element or combined with 
the seal. 

Piston Seals Piston Guide

Wiper

Rod Seal

Rod Guide

p1

AP

AR

x, x, x

p2

FL

pA

Damper Seals xoxi

mR

mP

Figure 1: Schematic of a pneumatic linear device 

A little air leckage which results in a decrease of the 
volumetric efficiency is often accepted. In contrast, 
friction is one of the main problems of pneumatic 
cylinder devices. In consequence of the contact between 
the seals, wipers and guidance elements with the counter 
surfaces, friction is induced when relative motion occurs. 
The dissipative character of friction (kinetic energy is 
transferred to thermal energy) causes a decline of the 
pneumatic-mechanical efficiency as well as an 
interaction with the dynamics of the piston. 
An established tool in the design and development stage 
of pneumatic systems is the one-dimensional system 
simulation of the fluidic circuit. Hereby the dynamic 
properties of a pneumatic linear device can be 
investigated in an early stage of the development process. 
With ease, interaction between fluidic, mechanical and 
control system can be optimised. 
The mathematical description of the piston motion is 
based on a differential equation of second order, see 
Equation 1. The pressures in the cylinder chambers can 
be easily described by the pressure build up as a result of 
mass flow, volumetric changes as well as heat generation 
and transfer. However, the implementation of the friction 
into the simulation is very insufficient. 

FLRARPPRP FFApAApApxmm 21  (1) 

State of the art in present system simulation tools are 
static friction models. Normally, the so called Stribeck 
model is used which describes the fundamental 
relationship between friction and velocity. In Equation 2 
a possible form to reproduce a Stribeck curve is shown 
[9]. 
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0

 (2) 

In addition a linear scaling factor f to describe the 
influence of the pressure on the friction is generally 
considered, see Equation 3. 

fpFF ,FF 10  (3) 

By investigating measured friction of a pneumatic seal a 
more complex behaviour including hysteretic effects, 
frictional memory and non reversible friction 
characteristic is detectable, see Figure 2 and 3. Static 
linking between friction and velocity is insufficient for a 
realistic description [2,3,5,7,8]. Rather, a change in the 
friction characteristic is detectable due to the change off 
the operating conditions. Among others a significant 
influence of the temperature appears. 
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Figure 2: Pressure-dependent friction force 
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Figure 3: Temperature-dependent friction force 
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OBJECT OF RESEARCH 

Static friction models which are implemented in present 
one-dimensional system simulation tools do not allow 
considering the dynamic friction phenomena as well as 
the influence of the design of the sealing system. 
Furthermore the influence of the temperature on friction 
is neglected. 
Enhancing the description of friction within the system 
simulation by a novel approach based on a coupled 
simulation between system simulation, dynamic friction 
model and structural mechanics, a more accurate 
modelling including friction instabilities and time 
dependent effects is possible. 
Integration of structural mechanics allows considering 
the influence of the seal shape, the dimension of the 
groove as well as the seal material on friction. 

MODELLING APPROACH 

The modelling approach is based on a system simulation 
model, a friction model and a structural mechanics 
model. The interaction between the three partial models 
is figured out in Figure 4. 
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Figure 4: Modelling approach 

The system simulation model describes the fluidic, 
mechanical and control properties of the investigated 
system. For this purpose the commercial system 
simulation tool DSHplus is used. An exemplary system 
simulation model is shown in Figure 5. A pneumatic 
cylinder without any internal friction models is 
controlled by a valve. The programmable logic controller 
(PLC) triggers the valve with a typical driving cycle. A 
signal input is used as well as a signal output to couple 
the system simulation model with the friction model. 
Separating system simulation and friction model allows 
using different system simulation tools. To determine the 
friction force, values (e.g. temperature, pressure and 
velocity) from the system simulation are transferred to 
the friction model via the signal output. Loading of the 
pneumatic cylinder by a friction force occurs via the 
signal input. 

Figure 5: System simulation model 

The friction model uses the values from the system 
simulation tool and calculates the friction forces based 
on empirically and physically motivated equations. This 
partial model characterises the friction in a microscopic 
way which means that the description is limited to the 
contact area. 
The implemented rate- and state-dependent friction 
model is based upon the model by Carlson and Batista 
[1,4,10] which describes the fundamental physics in the 
easiest possible way. The basic principle of this model is 
a frictional state variable  to model the transition from 
dry friction to a full hydrodynamic friction. The change 
of the frictional state variable in a range from 1 (dry 
friction) to 0 (hydrodynamic friction) satisfies Equation 
4. The state term on the left side implies melting of the 
film defined by a time constant . The rate term on the 
right side describes the change of the film due to shear 
stresses. The factor  correlates to a characteristic length 
in which the changes take place. In addition a load on the 
contact is taken into account by the factor FN. The load is 
dependent on the installation situation, the shape and the 
material of the seal as well as the operating conditions 
like pressure and temperature. 

x
F

F
N

N
11  (4) 

A progression of the frictional state variable for a simple 
periodic motion is shown in Figure 6. With increasing 
velocity a transition between dry friction and 
hydrodynamic friction occurs (lower loop) while with 
decreasing velocity the value of the frictional state 
variable increases again and the portion of boundary 
friction grows. The transition between the different states 
effects a hysteretic behaviour. By increasing the load FN
a rather weakly developed transition between dry and 
hydrodynamic friction occurs (upper loop). 
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Figure 6: Progression of the frictional state variable 

The friction force is calculated based on the frictional 
state variable, see Equation 5. A distinction between 
static Fa and dynamic frictional components Fb takes 
place. In addition, the third term of the equation provides 
the viscous friction which is assumed as linearly 
dependent to the piston velocity. The parameter 
describes the fluid properties, primarily the 
(equivalent-)viscosity of grease. The factor FN and the 
contact width b are interfaces to the structural mechanics 
again.

xbFFFFF NbbaF  (5) 

The structural mechanics model is the third partial model 
and provides the loading on the tribological contact in a 
macroscopic way using a Finite Element Method (FEM). 
First geometrically simple O-ring seals are applied to 
simplify the modelling. Due to this a fully 
parameterisable axial symmetric seal model was build up. 
The FE-model is able to consider the fundamental 
physics of elastomeric seals. 
In contrast to steel elastomeric materials does not possess 
a linear stress-strain relation even at low loading. 
Measured quasi-static stress-strain relations are shown in 
Figure 7 for two typical sealing materials for pneumatic 
applications. 
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Figure 7: Stress-strain relation for elastomers 

The hyperelastic material behaviour can be modelled by 
using a widely spread approach by Mooney and Rivlin 

[10,11] which bases on a strain energy function, see 
Equation 6. B is the left Cauchy Green strain tensor and 
tr(B) represents the first principal invariant I1 of that 
tensor, while tr(B-1) stands for the second principal strain 
invariant I2. The parameters C10 and C01 have to be 
determined by curve fitting for each material. 

210
01

0
10

0 133 )Bdet(kBtrCBtrCW  (6) 

The third term of the strain energy function represents a 
thermal expansion which is equivalent to a change in the 
third invariant I3, see Equation 7. 

03 31 TTT)Fdet(I  (7) 

If temperature is varied and especially when temperature 
is low relative to the glass transition temperature the 
thermo-viscoelasticity of the sealing material has to be 
taken into account [6,12]. In this case the 
history-dependent behaviour requires a strain energy 
function which considers not only the actual but also the 
past values of loading, see Equation 8 and 9. 
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Using this constitutive framework for elastomeric seals 
FE analysis can be performed. As an exemplary result a 
cooling process is shown in Figure 8. The temperature of 
an O-ring seal which is assembled in a groove is going 
down from room temperature to -90 °C. The cooling rate 
is small enough that the sealing forces are in a 
thermodynamic equilibrium until the glass transition 
temperature TG. Below the glass transition temperature 
the thermal shrinkage is less adapted which leads to a 
much stronger sealing force reduction. At about -80 °C 
the contact between seal and groove disappear and a gap 
results. Afterwards the forces at the rod increases due to 
thermal shrinkage. A more detailed discussion of the 
thermo-viscoelastic properties of sealing materials can be 
found in [6]. 
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Figure 8: Cooling process 

The three introduced partial models (system simulation 
model, friction model and structural mechanics model) 
are integrated in a coupled simulation using 
MATLAB/Simulink, see Figure 9. Due to the reason that 
a finite element simulation would dominate the 
calculation time compared to the system simulation the 
structural mechanics is solved by using characteristic 
diagrams. These characteristic diagrams are generated in 
a pre-simulation. 

Frictional State VariableFrictional State Variable

Structural MechanicsStructural Mechanics
Friction ForceFriction Force

System SimulationSystem Simulation

Figure 9: Coupling of the partial models 

A result of a coupled simulation is shown in Figure 10. A 
differential cylinder where the friction is only located at 
the rod seal is controlled with a rectangular signal. The 
motion characteristic changes as well as the sealed 
pressure dependent on the loading with different 
temperature levels. At low temperature the piston reacts 
a little bit faster and more dynamic due to lower contact 
forces and in succession lower friction as shown before 
compared to a higher temperature. 
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Figure 10: Simulation at different loads 

VALIDATION 

Experimental investigations are necessary to 
parameterise and validate the friction model. For this 
purpose a test rig for pneumatic piston seals was used. 
The measurement principle is shown in Figure 11. The 
piston including the test seal is at rest and the tube is 
driven by a crank mechanism. To pressurise the test seal 
a second piston is applied. Measuring at different 
temperature levels is possible by heating the complete 
test assembly. 

DriveForce Sensor

Test Seal Tube

p

DriveForce Sensor

Test Seal Tube

p

Figure 11: Measurement principle 

Comparisons between simulated and measured friction 
forces are shown in Figure 12 for room temperature and 
Figure 13 for a temperature of 55 °C. The simulated 
friction forces are much smoother then the measured one. 
Reasons are small form deviations of the tube and 
vibrations of the test assembly caused by the crank 
mechanism. 
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Figure 12: Comparison at room temperature 
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Figure 13: Comparison at 55 °C 

CONCLUSION

The motion characteristics of pneumatic cylinder devices 
are significantly influenced by seal friction. In present 
one-dimensional system simulation tools static friction 
models are state of the art. To consider rate- and 
state-dependent friction a dynamic friction model is 
presented. Coupling of system simulation with a 
powerful friction model and a structural mechanics 
model shows accurate results. Especially influences on 
the friction process (e.g. temperature and seal shape) can 
be considered with this novel method. Using 
measurements with different parameters of the 
tribosystem like different roughnesses will be necessary 
to expand the database which is used for parameterising 
the friction model. 
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ABSTRACT 

This study described a two axes pneumatic driven manipulator, which is driven by the servo cylinder. Through visual 
image technology, the position between the tip of the probe and the target was determined. Therefore, the visual servo 
can be produced the control command. A fuzzy controller with a dead zone compensator was designed to improve the 
position precision of a nonlinear pneumatic driven manipulator. From the experimental results, the position error stayed 
within 254nm. 

KEY WORDS 

Visual Servo, Fuzzy Control, Manipulator, Pneumatic Cylinder 

NOMENCLATURE 

ie : position error of pneumatic driven      
   manipulator 

ceiG : scaling factors of fuzzy set 

eiG : scaling factors of fuzzy set 
Gui : scaling of controller output 

fiu : output signal of fuzzy controller 

diu :compensation command of dead zone 

fV : positive constants 

bV : positive constants 

cy : target position 

iym : probe position of the pneumatic driven  
      manipulator 

iy : the center of tracking image 

: the scale factor and image resolution 

INTRODUCTION

In the advanced scientific applications, the manipulation 
systems are widely applied such as the biomedical 
technology and the semi-conductor technology. In the 
biomedical technology research, the manual 
manipulation systems were earlier utilized to the cell 
punctures, cutting, and injections which require fine 
control of both the position and the force in executing 
various processes. Human operator is difficult to 
accomplish. The speed of penetration enables the 
micropipette to quickly pierce without causing excessive 
deformation to the cell .The success rate of manual 
manipulations were low [1]. Combining the high position 
accuracy of the manipulation system and the automatic 
operation can be improved the success rate of the manual 
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manipulation. Visual technology was often applied to 
determine the position of the object and track the object 
increasing the probability of the automatic operation. 
Through image processing and image recognition, the 
distance between the tip of a micropipette and the cell is 
calculated in the image plane. Therefore, researchers 
have developed many types of the automatic 
manipulation system using visual servo [1-6]. Yasser et 
al. [1] developed a robotic manipulation system for 
automated selection using vision-based feedback control. 
Ouyang et al. [5] designed and developed automatic 
bio-micromanipulator system with visual control, which 
moving velocity is 10um/s. It can be applied to puncture 
cells. Various image processing and image recognition 
methods was used to determine and to measure the 
position of an object accurately. Zhang [6] utilized the 
image processing to cell injection and called Hough cell 
detection algorithm. Another aspect, the success rate of 
manipulation process depends on the high position 
accuracy of the manipulation system. Thielecke H et al. 
[7] used a stepper motor-based system for the cell 
manipulation with the 40 nm of position accuracy. 
Ouyang et al. [5] designed a manipulation mechanism 
which is driven by DC servomotors and a PZT actuator.
This paper presents the pneumatic driven manipulator 
based on servo pneumatic technology. The advantages of 
a pneumatic driven system include large stroke and low 
cost. However, because of the compressibility, the air 
leakage, the friction force and the load force, the 
pneumatic system is highly nonlinear [8]. The PVA/PV 
control and friction compensation, used in the pneumatic 
servo positioning system, can achieve ±0.01mm of the 
position accuracy [9].Utilizing conventional PD and 
Fuzzy controller with a velocity compensator, a 
pneumatic cylinder driven table was controlled to 
achieve 20nm of the position accuracy. The velocity 
compensator can be reduced to overcome the stick-slip 
effective of the pneumatic cylinder driven table [10].The 
hybrid self-tuning fuzzy controller with dead zone and 
velocity compensator is used to control the low friction 
pneumatic XY table embedded with aerostatic bearings, 
can achieve ±40nm of the position accuracy [11]. 

SYSTEM DESCRIPTION 

A visual control system was built, shown in Fig. 1. The 
system is constructed of three subsystems: a microscope, 
a two axes pneumatic driven manipulator, and a control 
interface. The microscope and the two axes pneumatic 
driven manipulator are integrated to enable both position 

control and automatic manipulation through the designed 
of a control interface. 

Figure 1 Photo and scheme of the proposed system 

The microscope includes an optical microscope 
( NAVITAR Zoom 6000), a CCD camera ( WAT-525EX, 
30 FPS), an image processing card ( PICLO, 30 FPS) 
and light Source (150W). The magnification of an 
optical microscope is adjusted from 3.48 to 78. The 
image resolution is from 2.87 to 0.127 micrometer. 
The two axes pneumatic driven manipulator consists of 
the position tables, the servo valves (FESTO MPYE,0 to 
100 l/min, 0.6MPa), the linear scale ( JENA, resolution: 
20nm), the pneumatic cylinders (SMC, 40mm)  and 
linear guideways. The position table is pushed by air 
cylinders and moves along the linear guideways. The 
platform is set horizontally driven by the pneumatic 
cylinder. The 3/5-port proportional control valve which 
operates at 6 bar is used. It can adjust the flow-rate from 
-100 1/min to 100 1/min with the input voltage (0 to 
10V). When input voltage is half of the nominal voltage 
(5 V) so that the flow rate is zero. A microcomputer acts 
as a controller and is used for the experimental data 
acquisition. The displacement of the tables is measured 
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by a linear scale and feedback to the microcomputer 
through the AD/DA card and the encode card. The 
control signal is calculated in the microcomputer through 
designed the control interface and passed to the 3/5-port 
proportional control valve by the D/A capability of the 
data acquisition and the control card.   
The control interface includes the capturing image and 
the displacement of the manipulator, the image 
recognition, calculating and sending the control signal 
through the AD/DA card, the encode card and the image 
processing card. Visual C++ code from the MFC is used 
to finish the control processing and the control interface, 
which Multi thread technology ensured the processing 
program of the control interface can be synchronized to 
proceed in real time. 
In this study, the visual image is captured using a CCD 
camera in the proposed system. Through the image 
processing and the image recognition, the distance 
between the object and the tip of the probe can be 
determined in the image plane. Therefore, the command 
signal can be calculated. The control signal is produced 
to the servo valve, the displacement of the servo 
pneumatic manipulation system is measured by the linear 
scale and feedback to the computer through the AD/DA 
card and the encode card. The air mass flow rate is 
regulated by the servo valve. The pressure difference of 
the cylinder can be built up to drive the manipulation 
system. This system can be controlled to target position. 
The block diagram is shown in Fig. 2. 

CONTROLLER DESIGN 

Considering the stroke of the pneumatic actuator and the 
field of view of the microscope, visual servo is applied to 
calculate and produce the control command to the fuzzy 
controller with the dead zone compensator in the field of 
view of the microscope. To avoid the area of motion of 
the two axes pneumatic driven manipulator being outside 
the field of view of the microscope, the control interface 
can be used to produce the control command, and 
implemented to the positioning control of the servo 
pneumatic manipulator. A block diagram of the system is 
shown in Figure 3.  

Visual Servo 

Visual servo is used to the image tracking and 
recognition and calculated the distance between the 
target position and the tip of the probe in the image plane, 
Control command be described as 

)(
)(

cossin
sincos

)(

)(

kiyr
kixr

kymr

kxmr
           (1) 

where cy  is the target position, iy  is the center of 
tracking image, in this study is utilized tracking tip, 
is the scale factor and image resolution which is adjusted 
with the microscope . 
Position error of the pneumatic driven manipulator can 
be represented as 

yxikimykimrkie ,)()()(              (2) 

where ie is the position error of the pneumatic driven 
manipulator, miy  is the probe position of the 
pneumatic driven manipulator. 
Control signals can be written as 

yxikdiukiU ,)()(                  (3) 

where du  is the fuzzy control with the dead zone 
compensation command  

Fuzzy Control 

Fuzzy controller has the advantage of being a man-made 
design, adjustable by means of rule tables to compensate 
for physical phenomena. Thus, fuzzy controllers are 
often utilized in nonlinear systems such as the ones 
addressed in this study. The structure of the fuzzy control 
includes four parts: fuzzification interface, knowledge 
base, decision logic and defuzzification . The proposed 
design applies the Mamdani control rules algorithm, and 
uses the “center of the gravity” to defuzzify and to get 
the accurate control signal.  
The variables iE iDE and iu  are chosen to be the 
two input and output of the controller, respectively. The 
error iE  and the change of error iDE  are defined by 

i)(i)(i eGkekE                           ( )

i)(i
11)(i ceGke

sT
zkDE                 ( )

where eiG and ceiG are the scaling factors of error and 

change of error.  
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Figure 2 Block diagram of the proposed system 

Figure 3 Scheme of the control structure

The output signal )(kfiu  form the microcomputer is 

defined as: 

yxiGukiukifu ,i)()(               (6) 

where )(kiu  and Gui  denote the controller output  

and the scaling of the controller output.  
The triangular membership functions are applied to 
define the fuzzy sets of the inputs and the outputs, as 
illustrated in Figure 4. The input boundary of 

membership function is based on positioning precision. 
From the experimental results, is adjusted the output 
boundary of the membership function. Because the 
characteristics of the two axes are not the same, the 
output boundary of the membership function is different. 
The value of the control signal depends on the flow rate 
of the servo valve and friction force. Since the friction 
force of Y-axis is the large then X-axis, the control law of 
the Y-axis is the large. Considering different 
cross-section of the piston of the pneumatic cylinder, a 
non-symmetric way of the membership function is used. 
The rule table is according to the practical phenomenon. 
The table below shows that if the position error and the 
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error differentiation are both negative big, then the 
output is negative big. In this case, the happening of the 
big overshoot in this system must be prevented. 
Therefore, the control signal should be “Negative Big.” 
The system can be driven backward to the target position 
by the pneumatic cylinder. This method thus completes 
the rule table. 

Dead Zone Compensator 

The friction force and the characteristics around the 
mid-position of the servo valve create a dead zone in the 
proposed system. To avoid the effect of the dead zone 
influence on position accuracy, the control signal must 
add “ fV ” to the forward motion of the system and 
subtract “ bV ” from the backward motion of the system. 
The dead zone compensator was designed as shown in 
Fig. 5. and express as: 

yxi

kfiuifbiVkfiu

kfiuiffiVkfiu
kdiu

,

5)(,)(

5)(,)(
)(

        (7) 

where fV  and bV  are positive constants and their 
values are obtained through  measurement of the dead 
zone.  

Table 1 Fuzzy rules for computation of )(kiu

xe

xU

xe

 (a) 

PBPSZENSNB

- 0. 5 0 0. 50.0001- 0.0001
PBPSZENSNB

- 5 0 50. 004- 0 . 004
PBPSZENSNB

4.80 5 5.355.104.84

ye

yU

ye

                      (b) 
Figure 4 Membership function and rules table  

Figure 5 Compensation command of the dead zone  
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CONTROL INTERFACE 

The control process is performed according to the 
following step: 
1. The image is captured with a CCD camera . After the 

image is processed using the Sobel operator, the 
invert image, and the threshold 

2. Image recognition and image tracking are employed 
to determine the position, and the distance between 
the target position and the object position is 
calculated.

3. The control command is produced and used to control 
the position of the pneumatic driven manipulator.  

 Steps (1) to (3) of the control process are repeated and 
using the control interface, the manipulation process or 
the position control is achieved. 

Image process 

A 640*480 pixel image was used to measure and define 
the position the object and the tip of a probe. Fig. 6 
shows that the proposed design applies various image 
processing methods including the Sobel operator, the 
invert image, and the threshold methods. Sobel operator 
performs a 2-D spatial gradient measurement on an 
image, and thus emphasizes regions to edges. Threshold 
processing converts a grey image into a binary image 
and to differentiate the sample contour in an image from 
the background in the study.  
Equation (8) is an expression of the binary image 

v)I(u, .

otherwise0
kv)f(u,if1

v)I(u,                      (8)                                                            

where f(u,v) is the grey value of a pixel in gray image, 
I(u,v) is the corresponding binary value of that pixel, k is 
the threshold value, the histogram can be analyzed, 
image and selected fit for threshold value k.  

Object Recognition 

In this paper, the object matching based on 
Normalized Cross Correlation. In object recognition or 
matching applications, one finds an instance of a small 
reference template in a large scene image by sliding the 
template window in a pixel-by-pixel basis, and 
computing the normalized correlation between them [12], 
as shown in Fig. 7. The NCC used for finding matches of 
a reference template ),( jit  of size nm  in a scene 
image ),( vuf of size NM  is defined as 

vu vuvu

vu vu

tjvjutfvuf

tjviutfvuf
jiN

, ,
22

,

, ,

]),([]),([

]),(][),([
),(

(9)            

where t is the mean of the reference template, vuf ,  is 
the mean of ),( vuf  in the region under the template. 
The template size nm  is smaller than the scene 
image size NM .

Figure 6 Image processing methods (a) Gray image (b) 
Sobel image (c) invert image (d) Threshold 

Figure 7 Object recognition 

EXPERIMENTAL RESULTS 

Online of the Distance Measurement 

In this study, the visual image is used to measure the 
distance between the glass pipette and the probe tip with 
a control interface, which includes the image processing, 
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the image recognition, the image tracking and the 
distance calculating. The control interface can be used to 
measure the distances in the real time, as shown in Fig. 8. 
Green and red grids represent the target object and the tip 
of the probe, respectively. The cross mark is the center of 
the feature tracking in the image plane. The user can 
select the matching image size using the control interface. 
After the Sobel operator, the image inversion, and 
threshold process, the recognition and measuring time is 
0.053 seconds. The contour of the glass pipette and the 
probe tip is clearly shown in Fig. 8. 

Figure 8 Photo of distance measurement  

utomatic uncturing peration 

Proposed system ensures that it can be applied on 
realistic process. The proposed system was implemented 
for the automatic puncturing operation of a fish egg, as 
shown in Fig. . In this study, a fish egg was fixed on a 
petri dish. The user could select the puncturing position 
with the control interface in the proposed system. From 
the experimental results, the automatic puncturing 
operation was successfully completed. 

(a)  (b) 
Figure 9 Photo automatic puncturing operation  

(a) before puncture (b) after puncture 

Position Control 

Figure 10 and Figure 11 show the time responses of the 
step input with 127nm image resolution of the 

microscope. The manipulator is controlled forward to 50 
pixels. The visual sensor captures the image speed with 
30 frame/s. Therefore, the displacement output looks like 
a saw toothed line. From the experimental results, the 
steady state errors stayed within 254nm(2 pixels). 

     (a) 

  (b) 
Figure 10 (a) time response of the x axis (b)error

     (a) 
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(b) 
Figure 11 (a) time response of the y axis (b)error 

CONCLUSION 

This paper presents the two axes pneumatic driven 
manipulator with visual control. Through the 
experimental results, the performance of the system can 
be described in the following: 
1. A visual image was used to calculated the error 

between the target position yc(k) and the object 
position yi(k) in the image plane, after the control 
command of the system rmi(k) are produced. 

2. A microscope and a two axes pneumatic driven 
manipulator were integrated by a control interface 

3. A fuzzy controller with a dead zone compensator 
was designed to improve the position precision of a 
nonlinear pneumatic driven manipulation system.  

4. From the experimental results, the position error 
stayed within 2 pixels (image resolution :127nm). 
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ABSTRACT 
 

Pneumatic system operation status and problems were analyzed in the  industrial production site; Considering the 24 hours as a 
time unit, the feature of compressed air consumption was studied every 20 seconds in 24 hours in the industrial production site. 
Then, presenting a forecasting method, which is workable and the overall mean in line with air consumption changes in the law. 
This forecasting method is for the purpose of the operation dispatching of air compressors in the industrial site, and Its forecasting 
accuracy meets the requirement of air compressors operation dispatching. Finally, with  forecasting consumption of compressed 
air , a optimal scheduling algorithm of compressor group is given. 
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NOMENCLATURE 
 

Q  : the air consumption[L/min] 

1A  : the effective front area of the piston[cm2] 

2A  : the effective back area of the piston[cm2] 
L   : the pison stroke[cm] 
p   : the working pressure[kg/cm2] 
N  : the cylinder stroker per minute 
K  : the safety factor,K=2 

0p  : air pressure inside the connecting pipeline[bar] 

bp  : air pressure in the outlet of hole[bar] 

0T  : air temperature inside the connecting pipeline[K] 

0u  : the flow rate of compressed air in pipeline[m/s] 

2u  : the flow rate of compressed air outside the hold [m/s] 

hA  : the the sectional area of a small hole[m2] 
G   : mass flow rate under Standard Reference Atmosphere 
[kg/s(ANR)] 
C    : the sonic conductance[dm3/(s•bar)] 

0ρ    : air density in the air  pipeline[kg/ dm3] 
( )Q t : the historical air consumption 

 

INTRODUCTION 
 

Entering into the 2l century, energy conservation and 
environmental protection has receviced more and more 
attention in China. The Chinese government has promulgated a 
series of energy-saving policies and measures. Especially in 
Copenhagen climate change conference at the end of 2009,our 
country government solemnly declared that the 2020 carbon 
dioxide emissions per unit of GDP would drop 40% to 45% 
compaired to 2005.The pneumatic systems which occupy the 
total elctricity consumption of the national factories by 10% to 
20% (even as high as  35%) will inevitably become the energy 
conservation object[1].People started to focus on waste issues 
in the use of the pneumatic system, such as the unscientific use 
and excessive leakage problem, so energy saving is becoming 
an important and urgent task in pnematic system in China. 

At present, Energy-saving research is focused on a 
single pneumatic device in the field of pneumatic system. For 
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example, the authors focused on how to improve efficiency of 
compressor drive motor and how to change compressor drive 
motor speed to change its volume flow[2][3] ,etc. But Energy-
saving research on the whole pneumatic system is relatively 
small, specially energy-saving research on air supply 
compressor group running has  not yet been carried out in-
depth study. 

This paper argues that the important reason for these problems, 
pneumatic system with high energy consumption and low 
resource utilization in our country, is unreasonable dispatching 
of air compressors in industrial site. This leads to a problem, 
That is, compressors’ air production does not match the air 
need of industrial production site. It pushes up pressure in air 
supply pipeline and increases the energy consumption of 
pneumatic system. All these make the air consumption 
forecasting very important in industrial production site. Only 
the authors obtain air consumption forecasting values which 
comply with the requirements of precision, the authors can 
provide a reasonable basis for air compressors’ dispatch and 
improve pneumatic system operation efficiency. 

 

PNEUMATIC SYSTEM OF INDUSTRIAL SITE 
 

A. The Composition of  Pneumatic System 
Fig 1 shows a typical compressed air system, which can be 
divided into the four main parts: compressor, dryer and filter, 
receiver and pipe network and end uses.Compressed air which 
is generated by air compressor is fed into the air purification 
device to remove moisture, oil and other purification. Clean air 
is sent to the air devices through air pipeline, such as spray gun, 
cylinder and so on[4]. 

 
 

    

 

 
 

Fig.1 A typical compressed air system 

In the pneumatic system, the energy conversion process is that 
air compressor motor output shaft power is converted into 
pneumatic power  and stored in the compressed air , and then 
transmitted through the air pipeline to the cylinder, spray gun 
and other pneumatic devices. Energy is consumed in air 
compressor,  air pipeline and terminal pneumatic devices in the 
whole process[5].In the whole process,  Air compressor power 
consumption is about  96% of the whole process. 
Air purification device is about 3% of the whole process. 
The other process is about 1% of the whole process[6]. 
Nowadays, the prudent users have been becoming aware of the 
fact that pneumatic system is not low-cost to operate. Among 
compressed air system, compressed air is produced by air 

compressors. Air compressors consumed the most electricity of 
the pneumatic system. The production of compressed air can be 
one of the expensive processes in the manufacturing 
facilities.Therefore, Efficient operation of air compressor group 
is great significant to reduce the energy consumption of the 
pneumatic system. 

B. Pneumatic System Problems in Operation 
There are many problems in the course of air users using the 
pneumatic system in our country, which cause a lot of waste. 
The main waste is that air compressor group were dispatched in 
the unreasonable way , which is only to guarantee air minimum 
pressure required by industrial production. In addition, there 
are many minor waste with high pressure in air pipeline, larger 
leakage, Inefficient spray gun, weak awareness of air costs for 
workers etc.And there are also many irrational phenomena of 
pneumatic devices in use. Such as, air back pressure test to 
determine whether the parts stick to place, vacuum generator 
with compressed air when they are not at work. Factories often  
reduce 0.7MPa high pressure to 0.1~0.2MPa to use, Especially 
Stirring the chemical liquid tank or pneumatic tire 
manufacturing in the shape[7].For all waste, which need to 
enhance the management awareness of air cost to avoid some 
waste. More importantly, the authors should develop 
techniques to optimize the operation of air compressors and 
improve operation efficiency of the pneumatic system. 

C. Classification of Compressed Air Consumption in 
Industrial Site 

1) Air consumption of the pressure stable-supply device 
The pressure stable-supply device in industrial production site 
is mainly the actuator cylinder, which moves objects from point 
to point. These cylinders are divided into reciprocating motion 
cylinder, the swing movement cylinder, air claws etc. Their 
role is to convert the air pressure energy into mechanical 
energy to drive objects reciprocating, swing and rotating 
motion. 

The authors can calculate air consumption of a common 
cylinder by equation 1 as follows 1: 

 

1 2( ) *( 1) * ( / min)
1000

A A L p NQ K l+ +
=                                        (1) 

 
The authors can see from the equation 1. Air consumption of 
cylinder is affected by its own intrinsic parameters and air 
supply pressure. When cylinder is at work, air pipeline is 
Installed pressure regulator to stabilize the cylinder working 
pressure. Therefore, the air consumption of cylinder will not 
change with the whole pipeline pressure fluctuations. 

2) Air consumption of the pressure unstable-supply device 
The pressure unstable-supply device is mainly spray gun, 
which directly connects to the air pipeline without the pressure 
regulator. In addition, leakage points in the air pipeline are 
caused by aging and damage. These air devices are of the same 
air consumption feature, and the flow characteristics can be 
basically equivalent to a small hole. Fig. 2 shows the schematic 
flow of hole[8]. 
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Fig. 2 Contraction of the flow through the nozzle 

Ideal air flow through the contraction, which is considered as 

one-dimensional isentropic flow. The hole flow curve is shown 
as Fig.3, when  the outlet of hole is under the same pressure. 

 

 

0 / bp p

mq
0,bp θ

 
Fig. 3 The flow curve of ideal air flowing through contraction nozzle 

Pressure is equal to atmospheric pressure(0.1MPa) at the outlet 
of hole. The authors can see from the Fig.3, when pressure 
higher than 0.1893MPa in the air pipeline, flow of compressed 
air has reached the speed of sound. The flow rate is 
proportional to its change in supply pressure. When air is in the 
sonic flow condition, the mass flow is calculated by equation 
2[9]. 

 

0
0 0

1

G Cp θ
ρ

θ
=                                                                  (2) 

 

D. Air Consumption Characteristics of Industrial Site 
Air consumption of industrial production site has its own 
characteristics and is greatly affected by the production. Based 
on production in the industrial site, the authors conduct air 
consumption forecasting in a 24-hour. Only the authors fully 
grasp the characteristics and variation of air consumption, the 
authors can establish realistic forecasting model and improve 
forecasting accuracy. 

1) Uncertainty 
Future need of air consumption in industrial site is uncertainty, 
which is affected by a variety of complex factors. For example, 
Reduction in air consumption caused by devices failure, the 

number of devices running at the same time is not the same and 
so on. Various factors are constantly changing. Some changes 
can be forecasted in advance, but some changes are difficult to 

forecast in advance. Coupled with the impact of temporary 
change of condition, these lead to the inaccuracy of air 
consumption forecast in industrial production site. 

2) Periodicity 
Compressed air consumption of industrial production site 
fluctuates in a day, week cycle, and big cycle contains small 
cycle. Generally, in the course of normal industrial production, 
air consumption changes of weekdays have similar law and air 
consumption changes of weekend have similar law. Usually, air 
consumption variation is not the same between workday and 
weekend. Monday to Friday is the peak production of industrial 
production. Air consumption is relatively large and small 
differences in weekday. Saturday and Sunday are the rest days, 
and relatively small industrial production. Therefore air 
consumption is relatively small. Taking air consumption of 
information product workshops of Haier Group for example, 
the authors analyze feature of air consumption in industrial 
production site. Compressed air consumption week curve from 
August 9 to August 15 in 2010 is shown as Fig.4. 

 
 

              Monday  August 9, 2010  Product 154,800 

 
             Monday  August 10, 2010  Product 153,800 

 
 Monday  August 11, 2010  Product 154,100

 
            Monday  August 12, 2010  Product 153,810 

 
             Monday  August 13, 2010  Product 153,100 

 
            Monday  August 14, 2010  Product 124,800 

 
           Monday  August 15, 2010  Product 129,800 

 
Fig.4 air consumption curve of workshops of Haier Group  in a week 
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As can be seen from the Fig.4. Air consumption changes of 
Haier Workshops are with periodic law. Curves are 
significantly similar in a 24-hour cycle. At the same time , air 
consumption is not a simple repetition of the previous 24-hour 
cycle, but there is a random value in each cycle. 

 

FORECASTING ALGORITHM OF AIR 
CONSUMPTION IN INDUSTRIAL SITE 

 
Forecasting algorithm is the core of air consumption 
forecasting in industrial site. This section will focus on 
forecasting algorithm and construct forecasting model based on 
forecasting algorithm. The authors propose a real-time air 
consumption forecasting model with feedback and recursive. In 
this model, the authors obtain the forecasting values through 
similar day air consumption value plus a correction value. 

A.   Data pre-processing of Historical Air Consumption 
The authors deal with historical air consumption of different air 
pressures by way of benchmarking; The authors repair 
historical air consumption data; The authors vertically and 
horizontally deal with anomalous historical air consumption 
data to smooth the historical air consumption curve. 

1)  Dealling with historical air consumption of different 
air pressures by way of benchmarking 
Air consumption historical data consist of two parts. One part 
is flow values, and another part is pressure values. Because the 
compressors’ air production does not match the need of air 
flow in industrial production site, so the air pressure fluctuates 
in the pipeline. This makes air device, air consumption affected 
by pressure in pipeline, produce a pseudo-flow requirements, 
when air supply pressure is higher than the rated pressure. Such 
as leakage points, spray gun etc. The authors can deal with the 
historical air consumption by equation 3,4,5. 

 

0
0

( ) (1 ) ( ) ( )tpQ t Q t Q t
p

α= − +                                         (3) 

 

0
0 ( ) ( )

t

pQ t Q t
p

α= ⋅ ⋅                                                          (4) 

 

0
r ( ) (1 ) ( ) ( )

t

pQ t Q t Q t
p

α α= − + ⋅ ⋅                                 (5) 

 
Where: ( )Q t is the historical air consumption; (1 ) ( )Q tα− is 

the air consumption of the stable supply pressure device; tp is 

the pressure value at t time; 0p is the rated pressure of air 

devices; 0 ( )Q t is the air consumption of the unstable supply 

pressure device under 0p ;α  is the scale factor(0~1); ( )rQ t is 

the actual need of air consumption in the production site at t 
time. 

By the above equation 3,4,5, the authors convert historical air 
consumption into effective air consumption value under 0p  by 
way of benchmarking. 

2) Repairing historical air consumption data 
If there are a large number of missing or bad data in historical 
air consumption data, the authors can consider this day’s data 
invalid. The authors use two similar day’s normal data, one 
similar day before this day and another day after this day, to 
repair the missing data. Because there is quite different law in 
different similar day’s air consumption, so the authors must use 
similar day’s data to repair the missing data. In this paper, the 
authors use the following equation 6 to process data. 

 

1 1 2 1( , ) ( , ) ( , )n n nx d t x d t x d tω ω− += +                               (6) 
 

Where: ( , )nx d t is the effective air consumption value at t 

time in nd day; 1( , )nx d t−  is the effective air consumption 

value at t time in nd day; 1( , )nx d t+  is the effective air 

consumption value at t time in nd day; 1ω 2ω  are weight 

values, here, 1ω =0.5, 2ω =0.5. 

3) Filtering the historical air consumption data 
In sequence of historical air consumption data, it may produce 
abnormal values of air consumption. These abnormal values 
may be caused by major leaks or workshop unexpected 
suspending production. This abnormal data, mixed into normal 
air consumption data, will increase the overall noise of air 
consumption data sequence and reduce similarity of air 
consumption curve. it increases the forecasting uncertainty, so 
the authors must remove the abnormal data from air 
consumption data to smooth the historical air consumption 
curve. 

Air consumption is cyclical in a 24-hour,so Air consumption 
should have similarity and air consumption value should 
maintain at a certain range at the same time in similar day. The 
authors use the following method to revise bad values, which 
are out of range. 

Assuming air consumption sequence with ( , )x n t , and t=0
20 40……86400 represent the 4320 time points in a day. 
n =1 2 ……N N represents N day’s air consumption. The 
authors take N=10 of same kind day, which are weekdays. The 
authors take N=6 of same kind day, which are weekend. The 
mean and variance of air consumption can be calculated by the 
following equation 7,8,9[10]. 

 

1

1( ) ( , )
N

n
E t x n t

N =

= ∑                                                            (7) 
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N =

= −∑                                          (8) 

 
Suppose deviation rate of air consumption ( , )n tρ ,then. 

 

2

1

| ( , ) ( ) |( , )
1 ( ( , ) ( ))

N

n

x n t E tn t
x n t E t

N

ρ

=

−
=

−∑
                                 (9) 

 
Where:t=0,20,40,…..,86400;n=1,2,…N. In the data processing, 
the authors set η  deviation rate of air consumption. If 

( , )n tρ η≥ , the authors think this air  consumption value is 
abnormal points; On the contrary, the authors think this air  
consumption value is normal points. Deviation from the air 
consumption can be adjusted by changing the η  value. The 
authors use ( , )x n t to replace the abnormal values ( , )x n t . 

 

1

1( , ) ( , )
N

n
x n t x n t

N =

= ∑                                                      (10) 

 
Dealing with historical air consumption by this way, the 
historical original air consumption value became more 
reasonable. 

B. Air Consumption Forecasting Model 
Air consumption in a 24-hour in industrial production consists 
of two parts. The authors divided into two parts: One part is the 
overall trend and another part is random variation. 

1) Overall air consumption trend forecasting 
It can be seen from Fig.4, air consumption at a time is different 
degree of correlation with the air consumption at the same time 
of the same kind day. Correlation is relative to the distance of 
two points. When the historical air consumption is closer to the 
current forecasting value, the correlation is stronger. Otherwise, 
the correlation is weaker. With this rule, the authors forecast the 
overall air consumption trend by way of multiple linear 
regression model with variable coefficients. The following 
equation 11. 

 

1

1( , ) ( , )
N

n x n x
x

y d t b y d t
N −

=

= ⋅∑                                        (11) 

 
Where: ( , )ny d t  is the forecast value of air consumption at a 

time on nd  day; 1b 2b …. Nb are variable coefficients. This 
model has the advantage of simple principle and fast 
computing speed. This model is suitable for overall air 
consumption trend forecasting. 

 

 

2) Random variation forecasting of air consumption 
In this model, correction value and forecasting error of air 
consumption are feedback to input layer to be as learning data. 
Compared to air consumption forecasting by way of the 
traditional neural network[11][12],this model is  with a smaller 
sample set, which can reduce the structure and learning 
frequency of neural network. In addition, this method forecast 
air consumption by way of online and real-time learning. It can 
reflect the impact of devices suspending in real time and 
greatly reduce the forecasting error. The forecasting model is 
shown as Fig.5. 
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Fig.5 Air consumption improving model in industrial site 

Feedback value tCΔ :In the neural network learning process, 

input variable tCΔ  feedback from A network node’s output 

value 1tL +Δ ,and the model can be corrected in time to learn the 
air consumption forecasting error which may affect air 
consumption forecasting. 

Feedback value tLΔ : Supposing B network node’s output 

value 1tL +Δ , 1tL +Δ  is the difference between forecasting and 
actual air consumption. That can be calculated by the following 
equation 12. 

 

1 1 1
ˆ

t t tL L L+ + +Δ = −                                                               (12) 
 

Where: 1
ˆ

tL + is the air forecasting consumption at t+1 time; 

1tL + is the actual air consumption. Taking 1t tL L +Δ = Δ ,it 
feedback to the input layer as input variable, which can 
correspondingly adjust the air consumption according to 
forecasting error in time. 

Recursive value 1tC −Δ :Input variable 1tC −Δ is the value of 

previous time( tCΔ ). 

Recursive value 1tL −Δ : Input variable 1tL −Δ is the value of 

previous time( tLΔ ). 
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Direct input tL : Direct input tL is the air consumption at t 
time. Because of  taking the value of real-time air consumption 
to forecast, it greatly improve the accuracy of the air 
consumption forecasting. 

 

EXAMPLE CALCULATION AND ANALYSIS 
 

The authors use  the above real-time forecasting model to 
forecast the air consumption of the weekday, here N=10. And 
the authors forecast air consumption of information product 
workshops of Haier Group on August 16 in 2010.The 
forecasting curve is shown as Fig.6. 

 
 

 
 

Fig.6 air consumption of information product workshops of Haier Group on 
August 16 in 2010 

The actual air consumption curve on August 16 in 2010 is 
show as Fig.7. 

 
 

Fig.7 the actual air consumption of information product workshops of Haier 
Group on August 16 in 2010 

Forecasting error curve is shown as Fig.8. 

 

 
Fig.8 Forecasting error curve 

As can be seen from Fig.8,error of the model in the range -4% 
to 4%.And error of the model is not subject to variation of air 
consumption. The forecasting air consumption meet the 
requirement of dispatching of air compressors. 

 

CONTROL METHOD BASED ON LOAD/UNLOAD 
QUEQE 

 

with the air consumption forecasted using the method 
mentioned before and the current air supply, the air demand is 

calculated and some compressor is loaded or unloaded to 
achieve flow match as to minimize energy consumption. 

A.  Generation of load/unload queqe 
Using decision-making[12] and assessing the affect of air 
compressor energy consumption, the comprehensive evaluation 
of compressor is obtained as to determine each compressor’s  
priority of load/unload. 

1) Establishment of  factor set 
a variety of factors affect the compressor run compose a fact 
set, with U as 1 2 m{ , , , }U u u u= � ,where iu is the i-th factor, m 
is the number of factors. Considering energy consumption and 
healthy operation of compressor, efficiency, priority and 
cumulative running time are focused on the paper, and 
compose the factor set 1 2 3{ , , }U u u u= ={efficiency, priority, 
running time}. 

2) Establishment of  weight set 
Generally, as  the importance of each factor is different, a 
weight ia  is given corresponding to iu  to make the importance 

stand out while reduce the affect of unimportant factor. ia  is 
required to satisfy by the following equation 13: 

 

1

0, 1
m

i i
i

a a
=

≥ =∑                                                                         (13) 

 
Where: mi ....3,2,1= . 
When determining the weight set, the most critical is to 
correctly identify the relative importance of the air compressor 
rather then the specific values of the weights. If the information 
is insufficient, make sure the relative importance among using 
fuzzy ordering factors and then assign the appropriate weights.           

Thus, a fuzzy set on U  is composed of each weight 
ia  by the 

following equation 14: 

 
1 2

1 2
~ 1 2

( , , , ) m
m

m

aa aa a a
u u uA = = + + +� �                                             (14) 

 
In this article, the authors took )2.0,3.0,5.0(

~
=A . 

3) Single factor fuzzy evaluation 
Suppose that ijr  is the single evaluation according to iu  
which is the i-th factor in set U, the evaluation corresponding 
to 

iu  can be expressed as the following equation 15:  
 

1 2

~ 1 2

, , ,
( , ) ( , ) ( , )

i i in
i

i i i n

r r rR
u v u v u v

= �                                               (15) 

 
Where: 

~
iR  is the single evaluation set, simply expressed as  

1 2
~

( , , , )i i i inR r r r= �
. 

So, single-factor evaluation matrix is obtained as the following 
16: 
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                                                      (16) 

 

Each compressor can be seen as a matrix corresponding to the 
factor set U, a fuzzy relationship, that between the object and 
evaluation of factors affecting the "reasonable relationship." 

In this article, setting the priority for the air compressor is 
divided into priority loading and unloading, loading priority, 
normal priority to unload, it's set with the type of air 
compressor and reliability-related, for example, centrifugal air 
compressor general are not started after the start and stop 
frequently, so the set to normal, that is, generally do not start it, 
do not start the uninstall. For the machine can be set to phase 
out the priority loading and unloading, such as plus unloading 
machine conditioners, accelerated aging. Given respectively  
4,3,2,1. 

Assuming the efficiency of the air compressor 4, respectively 
0.8,0.75,0.6,0.8; set priorities were 3,4,2,1; run time was 
1000h,800h,400h,600h. For the cumulative run time, the more 
priority to the less loaded, so you can make the machine up 
time balancing purposes. Commentary on the value of the 
normalization processing, the evaluation can be set to load the 
queue as the following 17. 

 

~ l

31 0 1
4

2 11 0
3 3

1 20 1
3 3

oad
R

⎡ ⎤
⎢ ⎥
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⎢ ⎥=
⎢ ⎥
⎢ ⎥
⎢ ⎥
⎢ ⎥⎣ ⎦

                                                                 (17) 

 
For the unloading queue, the lower the operating efficiency, the 
higher the priority; running time of more and more to uninstall. 
Can also be set as the evaluation of unloading queue as the 
following 18 : 

 

~

10 1 0
4

1 20 1
3 3

2 11 0
3 3

unload
R

⎡ ⎤
⎢ ⎥
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⎢ ⎥=
⎢ ⎥
⎢ ⎥
⎢ ⎥
⎢ ⎥⎣ ⎦

                                                                 
(18) 

 
4) Fuzzy comprehensive evaluation 

Equation 19, that is to be compared with each compressor 
comprehensive evaluation of factors affecting the value. The 
greater the priority the higher the row in front of the queue. 
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(19) 

 
 
Where ib  is the comprehensive evaluation which the larger is, 
the higher priority compressor has the compressor with the 
largest ib  is in front of the queue, the rest be deduced by 
analogy. 
According to Eq.19, comprehensive evaluation of the load 
queue can be obtained as:  

[ ]

~ ~ ~

31 0 1
4

2 1(0.5,0.3,0.2) 1 0
3 3

1 20 1
3 3

0.7 0.74 0.3 0.56

load
B A R

⎡ ⎤
⎢ ⎥
⎢ ⎥
⎢ ⎥= • = • ⎢ ⎥
⎢ ⎥
⎢ ⎥
⎢ ⎥⎣ ⎦

=

                                        (20) 

 
That is to say,the load queue is [2 1 4 3]. 
As the same the unload queue comprehensive evaluation can 
be calculated as: 
 

[ ]

~ ~ ~

10 1 0
4

1 2(0.5,0.3,0.2) 0 1
3 3

2 11 0
3 3

0.2 0.56 0.6 0.27

unload
B A R

⎡ ⎤
⎢ ⎥
⎢ ⎥
⎢ ⎥= • = • ⎢ ⎥
⎢ ⎥
⎢ ⎥
⎢ ⎥⎣ ⎦

=

                                        (21) 

 
So, the unload queue is [3 2 4 1]. 
Once the configuration parameters of air compressors are 
modified, the load and unload queue change also. Considering 
a matter of running time, a new load/unload queues are 
automatically generated each week. 

B. Control process 
the compressor whose product flow match or is a little more 
than the air demand, which is got by subtracting the air supply 
from the forecasting consumption in the third part, is found 
from the load/unload queue from from the beginning to the end 
to load or unload. The control process is shown as Fig.9. 
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Fig.9 process chart of control method based on load/unload 

 

CONCLUSION 
 

Summary, during the actual operation of the pneumatic system 
in the industrial production site, it is impossible and 
unnecessary to establish a fully accurate model to forecast air 
consumption. It is feasible and practical to establish a modle to 
meet the requirement of dispatch of air compressors, which is 
applicable within a certain range. The calculation results truly 
reflect the inherent characteristics of the system, the law and 
stability, which is very good. 
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ABSTRACT 

 
The purpose of this paper is to develop a new type pneumatic valve which has a multilayered bender type piezo actuator 
and is used for a grain sorting system. In this study, a new type high-speed pneumatic valve with a piezo actuator for a 
grain sorting system was analyzed, designed and fabricated, and performances of the fabricated pneumatic valve were 
evaluated. Finally, an endurance test was conducted, and it was confirmed that the new type piezo pneumatic valve is 
possible to use to the ejector for grain sorting system. 
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INTRODUCTION 
 

Figure 1 shows the structure and an operating principal 
of the grain sorting system. Grains in the Hopper run 
down through the Feeder and the Chute. Foreign bodies, 
which are found by the lamp and the image sensor, are 
removed by an air ejector. In this case, not only the 
distinction capability of foreign bodies but also the fine 
removing ability is very important. The response 
characteristics of an air ejector are also one of important 
design parameters. An air ejector consists of an air gun 
with a small volume and a pneumatic valve. So they 
want the high-speed pneumatic valve. Many kinds of 
methods for overcoming the above-mentioned problems 

such as response characteristics and low power 
consumption one have been suggested.  
Figure 2 shows the pressure lag characteristics by input 
voltage wave to the object pneumatic valve, and these 
characteristics are differ from the used solenoid valve 
such as Solenoid_1 and Solenoid_2. If we use the 
Solenoid_1 and the Solenoid_2 of figure 2, we can’t 
help the precise control to remove the foreign bodies in 
grains because the lag response characteristics. 
Figure 3 shows the schematic diagram with cross 
sectional view of a solenoid valve for a grain sorting 
system which had been studied by Z. Xiang. The valve 
was designed as a 2/2-way electro-magnetic solenoid 
operated on-off valve, and this consists of four major 
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bodies and armature and stator with a coil. To realize 
the long lifecycle requirement, an air pressure return 
structure valve was adopted and there is no spring for 
avoiding the spring fatigue problem in the traditional 
spring return valve.  
The other method is to make one stationary core with 
two parallel coils. This was suggested by Tomohiko 
Katagiri, and it was known to have some characteristics 
like very short displacement and adoption of a plate 
type plunger for high-speed performance. 
The purpose of this paper is to develop a new type 
pneumatic valve which has a multilayered bender type 
piezo actuator and is used for a grain sorting system. In 
this study, a new type high-speed pneumatic valve with 
a piezo actuator for a grain sorting system is analyzed, 
designed and fabricated, and performances of the 
fabricated pneumatic valve are evaluated. Finally, an 
endurance test is conducted.. 
 

Figure 1 Structure and operating principal of a grain 
sorting system (1 chute and 1 ejector with a PZT valve) 
 
 

 
 

Figure 2 Input voltage and output pressure wave a 
pneumatic valve for a grain sorting system 

 

 
 

Figure 3 Schematic diagram with cross sectional view 
of a solenoid valve for a grain sorting system (from Z. 

Xiang) 
 
 
PIEZOELECTRIC ACTUATOR DESIGN AND 

MANUFACTURING 
 

Figure 4 shows the structure of a designed and 
manufactured piezoelectric actuator. Dimensions of the 
manufactured actuator are 50L  10W  0.80t ( ) 

and dimensions of ceramics are 38L  10W  0.40t.  

Ceramic sheet thickness is 40  and number of layers 
is 9. And the capacitance of the manufactured 
piezoelectric is 1.26 . 
 

 
a) Exploded view 
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b) Fabricated piezoelectric actuator 

 

 
c) Assembled actuator with CFRP 

 
Figure 4 Manufactured piezoelectric actuator 

 
Figure 5 and figure 6 show the photo view and the 
operating principal of the manufactured piezoelectric 
actuator, respectably. To realize the long lifecycle 
requirement like Z. Xiang’s study, an air pressure stops 
the flow out orifice and there is no spring for avoiding 
the spring fatigue problem.  
 

 
Figure 5 Photo view of the manufactured actuator 

 

 
a) Off state 

 

 
b) On state 

 
Figure 6 Operating principal of the manufactured 

piezoelectric actuator 
 

In figure 5 and figure 6, the CFRP elastic material is 
also used for improvement the dynamic characteristics. 
Figure 7 is the experimental setup for the performance 
measurement of the fabricated piezoelectric actuator 
and general solenoid actuator. The experimental setup 
consists of a fixed jig, a laser sensor, a force sensor and 
a frequency analysis equipment. 
Figure 8 shows the experimental results of the actuator 
displacement and blocking force. In the experimental 
results, x-axis is the voltage inputted to the actuator, and 
left-y-axis and right-y-axis are the displacement and the 
blocking force of the manufactured actuator. The 
minimum and the maximum value of the actuator 
displacement are 150  at 50 V input and 350  at 
120 V input, respectably. We can know that the output 
displacement of the manufactured actuator is 
proportional to the input voltage and displacement 
results are very linear. The blocking forces of the 
actuator are from 300gf to 470 gf and over when input 
voltages are 80 V and 120V, respectably.  
 

a) Experimental setup for the piezoelectric actuator 
 

b) Experimental setup for the frequency response 
characteristics measurement for solenoid actuator 

 
Figure 7 Experimental setup for the fabricated 

piezoelectric actuator test 
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Figure 8 Experimental results of displacement and 

blocking force 
 
 
PIEZOELECTRIC VALVE FOR THE GRAIN 

SORTING SYSTEM 
 

Figure 9 shows the assembled piezoelectric valve and 
its controller. The prototype piezoelectric valve of figure 
9 is for controlling the air ejector and tube plumbing 
having a small volume doesn’t need for high-speed 
response characteristics. 
 

 
a) Assembled piezoelectric valve 

 

 
b) Controller for piezoelectric valve 

 
Figure 9 Assembled piezoelectric valve and its 

controller 
 
Figure 10 shows the two kinds of control method for 
solenoid and piezoelectric valve. In case of solenoid 
valve of a) of figure 10, the attraction force is greater 
when the length between core and plunger is short. So, 
low input voltage makes operate the solenoid valve in 
case of reasonable range between core and plunger. This 
means that the maximum input voltage doesn’t need for 
low energy consumption. The other method is to control 
the piezoelectric valve using PFM method. The PFM 
method is very important control strategy because the 
grain arrangement is unity and the drop down speed of 
the grain is only changed by the feeder and the chute. 

 

 
a) Control strategy using solenoid controller 

 

 
b) PFM control strategy for piezoelectric valve 

 
Figure 10 Control strategies for solenoid valve and 

piezoelectric valve using controller 
 
Figure 11 is the experimental circuit and the 
experimental setup for performance evaluation of the 
manufactured piezoelectric valve, and the test circuit of 
the figure 11 was built according to the ISO 6358. In 
this study, a matter of concern is to check of pressure 
variation at the outlet port because the manufactured 
valve is better or not than the conventional type 
solenoid valve. So, pressure sensors were equipped to 
the air tank and outlet port of the tested valve. The b) of 
figure 11 presents the experimental setup for 
performance and endurance test for the fabricated valve. 
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The PC with AD converters and some amplifiers for 
data measurement were installed and the function 
generator for PFM control is also equipped to 
experimental setup. The endurance test was conducted 
under the condition of no-load and 0.4 MPa-load. 
 

 
a) Pneumatic circuit for experiment 

 

 
b) Experimental setup for performance & endurance test 

for the fabricated valve 
 

Figure 11 Experimental circuit and setup for 
performance test of the manufactured piezoelectric 

valve. 
 
Figure 12 shows the experimental results of the pressure 
characteristics of the valve outlet port. The x-axis is the 
time and y-axis is the output voltage which means the 
pressure variation. And the symbol, DW224, means the 
solenoid valve, and KW 2nd and KW 3rd mean the 2nd 
and 3rd prototype piezoelectric valve, respectably. The 
meaning of the same pressure peak result is that the 
flow rate at outlet port is also the same because of the 
same orifice and the same volume. In case of 2nd 
prototype of figure 12, a), the on-process, such as the 
delay time and peak time, is equivalent to the 
conventional type solenoid actuator but the off-process 
is a few late about 150 . We can know from the figure 
12, a) that the on-off characteristics of the manufactured 
piezoelectric valve are equivalent to the conventional 
type solenoid valve one and that the manufactured valve 
has a possibility to use for the grain sorting valve. 
Figure 12, b) shows the results comparison between the 
3rd prototype piezoelectric valve versus conventional 

type solenoid valve. 
It was confirmed from figure 12, b) that the flow 
performance of the 3rd prototype valve is superior to the 
conventional type solenoid valve. This means that the 
3rd prototype valve can remove the more heavy foreign 
body in the grain sorting system. 
Finally, we had operated the endurance test using the 3rd 
prototype valve, and we confirmed that the endurance 
number is 10 billion and over. 
 

 
a) 2nd prototype piezoelectric valve vs. conventional 

type solenoid valve 
 

 
b) 3rd prototype piezoelectric valve vs. conventional 

type solenoid valve 
 

Figure 12 Experimental results of the outlet pressure 
(DW224 means the solenoid valve and KW 2nd KW 3rd 

mean the prototype piezoelectric valve) 
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CONCLUSIONS 
 
In this study, the 2nd and the 3rd prototype piezoelectric 
valve for an ejector of the grain sorting system were 
designed and fabricated, and the experimental setup for 
the performance evaluation was manufactured. The 
results of this study are as follows;  
 
1. The maximum displacement and the maximum 
blocking of the fabricated actuator of which ceramic 
sheet thickness of 40  and layers of 9 for overcoming 

the input pressure of 0.4MPa are 350  and 470gf, 
respectably. 
 
2. The piezo valve and the controller were suggested 
and PFM control method was conducted. 
 
3. We had operated the endurance test using the 3rd 
prototype valve, and we confirmed that the endurance 
number is 10 billion and over. 
 
4. It was confirmed that the new type piezo pneumatic 
valve is possible to use to the ejector for grain sorting 
system. 
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ABSTRACT 

Although LuGre Model is considered as a nice friction model that can describe the friction phenomenon of pneumatic 
cylinders comprehensively, its parameters are hard to be defined in the real cases. In this paper, a new experimental 
bench, on which the moving of pneumatic cylinder is driven by a servo motor accurately, is developed to study the 
friction characteristics of the cylinders. Based on this bench, a method of how to identify parameters of the LuGre 
Model is proposed, using a single-rod cylinder as examples. Meanwhile the influences on the parameters that arise from 
running conditions such as working pressure and differntial pressure are discussed. As simulation results agree with the 
ones obtained from experiments well, the model and the parameters identification method are proved to be effective in 
actual processes. 

KEY WORDS

Pneumatic cylinder, Friction model, Parameters identification, Pressure, Experimental Analysis 

NOMENCLATURE 

A1 : Piston area of the cylinder chamber that along 
the direction of the cylinder driving force (m2)

A2 : Piston area of the cylinder chamber that 
opposite the direction of the cylinder driving 
force (m2)

F    :   Friction force (N) 
Fc : Coulomb friction force (N) 
Fc0 : Coulomb friction force in pressure 0kPa (N) 
Fd : Driving force on the testing cylinder (N) 
Fs : Maximum stiction friction force (N) 
Fs0 : Maximum stiction friction force in pressure 

0kPa (N) 
Fss : Steady-state friction force (N) 
k1~k8: Proportion coefficients 
g : Stribeck effect function 
m : Total mass of the moving parts 

p1 : Pressure of the cylinder chamber that along the 
direction of the cylinder driving force (kPa) 

p2 : Pressure of the cylinder chamber that opposite 
the direction of the cylinder driving force (kPa) 

ps : Working Pressure of the cylinder chamber(kPa) 
p : Differential pressure between the two 

chambers of pneumatic cylinder 
t :   Time (s) 
v    :   Relative velocity between two surface (mm/s) 
vs   :   Stribeck velocity (mm/s) 
vs0   :   Stribeck velocity in pressure 0kPa (mm/s) 
vss   :   Steady-state velocity (mm/s) 
x : Cylinder displacement 
z    :   Average deflection of the bristles (mm) 

0   :  Stiffness of the bristles (N/m) 
1 : Damping coefficient of the bristles  (N.s/m) 
2 : Viscous friction coefficient (N.s/m) 
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20 : Viscous friction coefficient in pressure 
0kPa(N.s/m) 

: Relative damping ratio of the seal ring 

INTRODUCTION

Recently with the rapid development of 
microelectronics technology, the pneumatic position 
servo control systems have become more and more 
widespread application in many industrial fields. The 
characteristics of the pneumatic cylinder, which is the 
key actuator of the servo system, have great influence 
on the system’s control precision. Among these 
characteristics, the friction force of the actuator is the 
most complex non-linearity element. So learning more 
about the friction force in pneumatic cylinder is an 
important step to build up a high precise pneumatic 
position control system, or optimize a pneumatic 
cylinder.  
In recent years, many researchers, such as Dalh [1], 
Bliman [2], Haessig [3], Canudas de Wit C [4], had 
proposed many models to describe the friction. Among 
them, the LuGre friction model built by Canudas de Wit 
C has been accepted as an accurate model that can 
describe the real friction phenomenon in most of 
experiments. It can describe the friction well both in the 
steady state and transient state, with a compact 
mathematical form. But, before the model can be used 
for the control system, there are several parameters in it 
to be identified by experiments firstly. The pneumatic 
cylinder friction testing method had been studied by 
many researchers. Most of them, such as L. E. 
Schroederl [5], B. H. Zhang [6], and P. L. Andrighetto 
[7], studied the cylinder friction with the test rig in  
which the testing cylinder drives a load cylinder directly.  
This method is simple and low cost, but it is hard to 
obtain a stable speed of the cylinder to test friction 
under very low velocity, or obtain a data without the 
interference of the pressure under high velocity. 
G.Belfore [8] developed a test rig in which the 
pneumatic cylinder was dragged by a hydraulic cylinder, 
which ensured the pressure in the cylinder and the speed 
of the cylinder can be controlled individually. This 
method avoided the problems encountered by the 
previous mentioned one, but it was much more complex 
and high cost.  
In this paper, a new pneumatic cylinder friction 
experimental apparatus is developed. Here, the moving 
of pneumatic cylinder is driven by a servo motor 
accurately. Based on this bench, a method of how to 
identify parameters of the LuGre Model is proposed. 
Furthermore, experiments were performed to determine 
the influnces of speed and working pressure on the 
parameters, using a rodless cylinder and a single-rod 

cylinder as examples. 

FICTION MODEL 

The LuGre friction model built by Canudas de Wit C 
has been accepted as an accurate model that can 
describe the real friction phenomenon in most of 
experiments. In the model, the friction contact surface is 
identified as a group of elastic bristles with random 
behavior in the micro-scale. Friction is generated by the 
deflection of bristles. It can be described as 

                 ( 1 ) 

                   ( 2 ) 

In the Eq. (2), the function g(v) describes the Stribeck 
effect [9]. Usually, g(v) is expressed as 

     (3) 

In the steady state, the average deflection of the bristles 
z approaches the value  

                (4 ) 

It follows from Eq. (2) to Eq. (4) that for steady-state 
motion the relation between velocity and friction force 
is given by 

2
s( / )

ss c s c 2( ) sgn( ) ( ) v vF v F v F F e v   (5) 

With this description, the LuGre model is characterized 
by six parameters Fc, Fs, vs , 0, 1, and 2. Among them, 
parameters such as Fc Fs vs and 2 can be identified by 
the means of measuring the steady-state friction of the 
cylinder when its velocity is held constantly. However, 
the identification of the dynamic-state parameters 0 and

1 is much more complicated for the state variable z in 
Eq. (1) is immeasurable.  

EXPERIMENTAL APPARATUS 

To obtain accurate data for the parameters identification 
of the LuGre model, a new pneumatic cylinder friction 
experimental bench is developed. The schematic 
diagram of the system is as Figure 1 shows. In the 
diagram, 1 is servo motor, 2 is gear, 3 is lead screw, 4 is 
grating displacement sensor, 5 is force sensor, 6 is 
testing cylinder, 7 and 8 are pressure sensors, 9 and 10 
are buffer tanks, 11 and 12 are precise pressure 
regulating valves, 13 is AD/DA card. 

2( / )
0 ( ) ( ) Sv v

C Sg v F F Fc e
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Figure 1 Schematic diagram of the servo motor drived 
friction experimental bench 

The motion of the testing cylinder is driven by a servo 
motor, separating the influnce of the pressure in the 
chambers of the cylinder. The moving range of the servo 
motor driving system is 3m, which guarantees the 
effective testing displacement and the possibility of high 
velocity testing. The speed of the servo motor is 
precisely controled and the lead screw can transfer the 
driving force to testing cylinder smoothly. The lowest 
speed of the system is below 0.5 mm/s and the highest 
is 150 mm/s. 
The pressure in the two chambers of the testing cylinder 
are controled by precise pressure regulatinng valves 
individually. And two big volume baffer tanks are 
installed near the inlet and outlet of the cylinder to 
stable the pressure when the cylinder is in high speed 
moving.  
The realtime displacement of the cylinder is got by 
grating displacement sensor, with measurement 
accuracy of ± 5um and range up to 2m. The force 
sensor’s range is 100Kg and its non-linear error is less 
than 0.05% FS. And the pressure sensor’s range is 10bar, 
with the accuracy of 0.05% FS.  
All the signals of the sensors are collected by a AD/DA 
card and transferred to the control computer. The system 
control program in the computer handles the whole 
experiment process and reports the results when the 
process is over. The friction force is calculated with the 
experiment data in the program as follow: 

               ( 6 ) 

MODEL PARAMETERS IDENTIFICATION 

WITH THE EXPERIMENT DATA 

Steady-state Parameters Identification

The steady-state parameters of the LuGre model can be 
identified by the means of measuring the relationship 

between steady-state friction and velocity curves, as we 
can see in the following example. 
Here, a single rod low-friction cylinder had been tested 
with the bench. The pistol diameter of the cylinder is 
32mm and the stroke of it is 500mm.  
Because the moving speed of the cylinder and the 
pressure in the chambers are relatively more stable 
when the cylinder is running in the middle section of the 
test stroke, which can ensure the accuracy of data  
measured by the sensors. The mean value of the data 
collected in this section are taked as the experiment data 
for the friction force calculating under this specific 
working pressure and moving velocity. As several 
different moving velocity experiments are carried out 
under the same chamber pressure, a steady-state 
friction-velocity curve can be obtained. In Figure 2, we 
can see the steady-state friction-velocity  curve of the 
single rod low-friction cylinder with its both chambers 
connecting to atmosphere directly. 

Figure 2 Experiment data and fittied steady-state 
friction-velocity  curve of the single rod low-friction 

cylinder with zero chamber pressure

Considering the Eq. (5), which is a non-linear function 
and is hard to derivate its coefficients with the least 
square method, we use the function named Fminsearch 
in the MATLAB R  program to find the resolvers. 
Function Fminsearch works are based on the theory of 
simplex method and has the ability to find the minimum 
value of a scalar function from a specified initial value.  
While used for the parameter estimation, it is described 
as:

[x, fval, exitflag, output]
= fminsearch (fun, x0, options, p1, p2, )   (7) 

where x is the parameters to be identified, fval is the 
returned value of the object function at the optimum 
solution point z, exitflag is the returned ending flag of 
the calculation process, output is a returned data 
structure of the calculation process, fun is the object 
function that represents Eq. (5) here, x0 is the initial 
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value of x, options is parameters for optimizing the 
calculation process,   p1, p2,  are the arguments 
matrix and output values matrix of the object function, 
representing the velocity matrix and friction force 
matrix come from the experiment data. 
The initial values demanded by Eq. (7) can be derived 
from the experiment data in Figure 2 as follow. The 
relation of friction force and velocity is nearly a line 
when the velocity is above 30mm/s. The intersecting 
point of the line and the y-axis is the initial value of the 
coulomb friction force Fc. The slope of the line is the 
initial value of the viscous friction coefficient 2. The 
maximum stiction friction force Fs can be valued with 
the mean value of the friction force while the speed of 
cylinder is below 0.5mm/s. And the initial value of the 
stribeck velocity vs can be replaced by the velocity at 
the time when the friction force is the minimum one.  
Using the above identification method, the steady-state 
motion friction force of the single rod low-friction 
cylinder can be calculatied by the following equation: 

                               

The simulation results that calculated with Eq. (8) are 
showed in Figure 2 as fitted curve. It can be seen that 
the error between the experiment data and simulation 
results is very small.  
Dynamic-state Parameters Identification

There are two dynamic-state parameters in the LuGre 
model. One is stiffness of the bristles 0 and the other is 
damping coefficient of the bristles 1. Because they 
have the relation with the average deflection of the 
bristles z, while the deflection always appears at the 
time the cylinder speed changes, we focus on the 
dynamic processes such as start and stop.   

D
ri

vi
ng
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rc

e

Figure 3 Driving force-displacement curve of the single 
rod low-friction cylinder in the reciprocating motion  

We let the cylinder do a short-stroke reciprocating
motion with a low speed 0.5mm/s. To pick up the 
rapidly changing data in the dynamic process, the 
grating was replaced with a high precise and high 
frequency laser displacement sensor here. And the 
sampling frequency was also increased to 2000Hz. 
The friction force and the displacement of the cylinder 
in two running cycles are measured as Figure 3 shows. 

As we can see in the Figure 3, there is a very short 
displacement on which the friction keeps the linear 
relationship with the displacement. So it can be 
determined that the cylinder does not move, but the 
deforming of the seal ring makes the displacement 
appear. It is called pre-move period. In this period, the 
average deflection of the bristles z can be regarded as 
cylinder displacement. Hence 

d d
d d
z x
t t  (9)

Taking the mass acceleration into account, Eq. (1) and 
Eq. (9) then give 

          (10) 

Eq.(10) indicates that the dynamic-state characters of 
the cylinder in the pre-move period are similar to the  
second-order damping system in forced vibration 
process. So it can be given similarly 

1 2 02 m                          (11)

Usually, the value of  is given greater than 0.2 and less 
than 0.7,P. Z. Li[10].  
And because the speed and acceleration is very small in 
the pre-move period of the experiment, Eq. (10) can be 
simplified as 

                        (12) 

Therefore, we can get 0 as 4.48 105N/m with the 
experiment data Then, from the Eq. (11) the value of 1

can be determined as 6.42 102N/m. 

PARAMETERS MODIFICATION OF THE 

LUGRE MODEL  

With the previous method, the parameters of LuGre 
model can be identified succesfully under the working 

(8)
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condition with zero chamber pressure. But as we know, 
chamber pressure will change the stress state of the seal 
ring, then the friction force will be different. The 
parameters of the LuGre model have to be modificated 
to fit the influences of the pressure. 

The influence of working pressure on steady-state 

parameters 

Setting both chambers of the cylinder stable on the the 
same pressures with the precise pressure regulators, we 
test the single rod low-friction cylinder under different 
steady speed and working pressure. The experiment 
results are given in Figure 4. 

Figure 4 Experiment data and fittied steady-state 
friction-velocity  curve of the single rod low-friction 

cylinder with changing working pressures 

Based on the experiment data, the steady-state  
parameters of the model under differet working pressure 
are calculated and show in Figure 5~8.  

Figure 5 Relation between Coulomb friction force and 
changing working pressures 
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Figure 6 Relation between viscous friction coefficient 
and changing working pressures 
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Figure 7 Relation between Stribeck velocity and 
changing working pressures 

Figure 8 Relation between maximum stiction friction 
force and changing working pressures 

Figure 5, Figure 6 and Figure 8 indicate individually 
that Coulomb friction force, viscous friction coefficient 
and maximum stiction friction force are all increasing 
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with the raising working pressure nearly linear. But 
Figure 7 indicates that Stribeck velocity is decreasing 
with the raising working pressure. Those results can be 
explained with the analysis on the physical 
characteristics of cylinder friction process. The seal 
rings are pushed more firmly against the cylinder wall 
and the piston rod while working pressure increasing, 
which causes the positive pressure of the seal ring 
increasing near proportionally and the boundary 
lubrication condition become worse for the oil film is 
forced out.  
The influence of differential pressure on steady-state 

parameters 

With the same single rod low-friction cylinder, we test 
the relationship between the friction force and the 
variable differential pressure under different steady 
speeds. The pressure in the rodless chamber of the 
cylinder is fixed to 300KPa while the pressure in the rod 
chamber is changing in the expreriments. The results are 
given in Figure 9. where, differetial pressure p is 
defined plus when the pressure in the rod chamber is 
below the pressure in the rodless chamber. 
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Figure 9 Experiment data and fittied steady-state 

friction-velocity  curve of the single rod low-friction 
cylinder with changing differential pressures 

Figure 10 Relation between Coulomb friction force and 
changing differential pressures 

Figure 11 Relation between Coulomb friction force and 
changing differential pressures 

Figure 12 Relation between Stribeck velocity and 
changing differential pressures 
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Figure 13 Relation between maximum stiction friction 
force and changing differential pressures 

Based on the experiment data, the steady-state  
parameters of the model under variable differentila 
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pressure are calculated and shown in Figure 10~13. 
Figure 10, Figure 11 and Figure 13 indicate individually 
that Coulomb friction force, viscous friction coefficient 
and maximum stiction friction force are all decreasing 
with the raising differential pressure nearly linear. 
While, Figure 12 indicates that Stribeck velocity is 
decreasing with the raising working pressure. Those 
results can be explained that the total pressure acting on 
the seal rings is decreasing with the rising differential 
pressure. Therefore, the force of the ring against the 
cylinder wall and the piston rod becomes smaller almost 
proportionally and the boundary lubrication condition is 
improved.  
The influence of working pressure on dynamic-state 

parameters 

In this section, the cylinder is driven to do a short-stroke
reciprocating motion with a low speed 0.5mm/s, while 
its both chambers of the cylinder stable on the the same 
pressures with the precise pressure regulators. After 
every three cycles, the pressure in the chambers changes. 
The results are given in Figure 14. 

Figure 14 Driving force-displacement curve of the 
cylinder in reciprocating motion under different 

working pressure 

As it shows, the slopes of the driving 
force-displacement curves in the pre-move period of 
very cycle almost rarely change. That means, according 
to Eq. (12), the parameter Stiffness of the bristles 0 can 
be regarded as a constant while working pressure 
changes. Then, according to Eq. (11), the parameter 
Damping coefficient of the bristles 1.can also be 
regarded as a constant, because the parameter Viscous 
friction coefficient 2 is too small to be considered in 
comparison.  
The influence of differential pressure on 

dynamic-state parameters 

Here, the cylinder is driven to do a short-stroke
reciprocating motion with a low speed 0.5mm/s too. 

The pressure in the rodless chamber of the cylinder is 
fixed to 300KPa while the pressure in the rod chamber 
is changing in the expreriments. The results are given in 
Figure 15. where, differetial pressure p is defined 
plus when the pressure in the rod chamber is below the 
pressure in the rodless chamber. After every three cycles, 
the pressure in the rod chamber changes.  
The results are given in Figure 15. 
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Figure 15 Driving force-displacement curve of the 
cylinder in reciprocating motion under changing 

differential pressure 

As slopes of the driving force-displacement curves in 
the pre-move period of very cycle in Figure 15 also 
change little just like those in Figure 14, it can be said 
that the influence of differential pressure on the 
parameter 0 and 1is small too.  
Those results can be explained into that the dynamic 
parameter 0 represents the axial stiffness coefficient of 
seal rings indeed. Therefore, the value of it is only 
associated with the material characteristics of itself and 
the ambient temperature, but has nothing to do with the 
pressure. And because the dynamic parameter 2
represents the damping coefficient of the rings indeed, 
its value may also has little relation with the pressure 
too.  
Modify the parameters of LuGre model 

With the experiment results above, it is clear that the 
working pressure and the differential pressure do have 
influence on the steady-state parameters but less on the 
dynamic-state parameters. It is needed to introduce 
these influencing factors into LuGre model to make it fit 
the practical application.  
As it has been discussed, both the working pressure and 
the differential pressure almost have linear relation with 
the value of parameters Fc, Fs, vs and 2, the proportional 
coefficient can be added to define the parameters. In this 
way, the LuGre model is now given as: 
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(13) 

The parameters Fc0, Fs0, vs0, 20, 0, and 1 can be 
identified by the means of the experiment data on the 
condition that the pressure in both chamber of the 
cylinder keep on 0kPa. Then, the parameters k1~k8 can 
be identified with the experiment data with variant 
working pressure ps and differential pressure p. The 
relation between ps and p The relationship between ps
and p is defined as: 

                       (14)

EXPERIMENTAL VERIFICATION 

With the previous experiment data, we have identified 
all the parameters of the LuGre model for the single rod 
low-friction cylinder, as Eq. (15) shows. 

2
s( / )

ss c s c 2

c s

s s

s 8

2 s

( ) sgn( ) ( )
2.856 0.772 0.5843 ( )
3.904 7.152 4.0386 ( )
2.3892 0.3782 0.1134 ( / )

0.0185 0.1032 0.0627 ( / )

v v

s

F v F v F F e v
F p p N
F p p N
v p k p mm s

p p Ns mm

(15) 

Figure 16 Comparing simulation data from the modified 
LuGre model with experiment data 

Suppose it is needed to find out the friction-velocity 
characterics of the cylinder with the condition p1 is 
300kPa and p2 is 400kPa, which has not been tested 
before, we can get it soon by simulation based on Eq. 
(15). Comparing the simulation data with the 
experiment data we got later, the Figure 16 is obtained. 
As figure 16 shows, the simulation data curve is very 
close to the experiment data. The maximum error 
between then is less than 2N. It is validated that the 
modified LuGre model with the parameters indentified 
can describes the friction characteristics of the 
pneumatic cylinder with high precision. 

CONCLUSIONS 

A new method of identifying parameters of the LuGre 
Model, which is a nice friction model that can describe 
the friction phenomenon of pneumatic cylinders 
comprehensively, is presented. Corresponding to the 
method, a new experimental bench, on which the 
moving of pneumatic cylinder is driven by a servo 
motor accurately, was developed to obtain precise 
experiment data for the parameters identification. As 
experiment data shows that the working pressure and 
the differential pressure both almost have linear relation 
with the value of steady-state parameters Coulomb 
friction force Fc, Maximum stiction friction force Fs,
Stribeck velocity vs and viscous friction coefficient 2,
but have little influence on the dynamic-state 
parameters Stiffness of the bristles 0 and Damping 
coefficient of the bristles 1, the LuGre Mode was 
modified to introduce the influence of pressure. A 
following experiment was carried out and its results 
verified that the modified model is precise and the 
parameters identify method is effective.  
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ABSTRACT

In this study, the characteristic of a flow type ejector and a pressure type ejector with flow restrictions at the exhaust and 
vacuum ports is examined by the experiment. The characteristic change of this ejector affects the performances of a 
vacuum system. it is necessary to take into consideration the vacuum characteristic change to design vacuum system.
the semi-experimental model that can predict the vacuum characteristic is proposed. This model can calculrate the 
vacuum characteristic with restrictions at the exhaust and vacuum ports, when the vacuum characteristic by an exhaust 
pressure, supply pressure, and the characteristic of flow resistance are known. The calculation value of the vacuum 
characteristic when the orifices are connected with both sides of the vacuum port the exhaust port has a good agreement 
with experimental results. The pressure response experiment of the chamber is conducted, and the effectiveness of the 
simulation is confirmed.

KEY WORDS

Pneumatic ejector, Vacuum characteristic, Flow restriction

NOMENCLATURE

b : critical pressure ratio [-]
C : sonic conductance [m4 s/kg]
d : diameter [m]
m : mass [kg]
P : pressure [Pa(abs)]
Q : flow rate [L/min(normal)]
R : gas constant [J/(kg K)]
V : chamber volume [m3]

: density [kg/m3]
: temperature [K]

Subscript
a : atmospheric condition
b : exhaust port

c : vacuum port
m : mixing chamber
n : nozzle
s : supply port

INTRODUCTION

Ejectors are widely used in industrial field to make 
vacuum pressure. Schematic diagram of ejector is 
shown in Fig.1. An ejector has three ports: supply port, 
exhaust port and vacuum port. It has a nozzle and a 
diffuser part. It doesn't have a mechanical driving part, 
and a comparatively simple structure. It is cheap, small 
and light as compared with a vacuum pump.
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Figure 1 Schematic diagram of ejector

Generally the exhaust port of an ejector is an 
atmospheric pressure, and there is no flow resistance at
the exhaust port. However, some valves and pipes are 
connected to exhaust port and the vacuum port in the
some industrial field.
As an example of application, ejector is used in the 
vacuum toilet system of railway vehicles. The vacuum 
toilets system is used for high performance and energy 
saving, because it can reduce uncomfortable odor and 
also reduce loading water. The exhaust and vacuum 
ports of an ejector are connected to some valves and 
pipes in the vacuum toilet system. Then, the 
characteristic of an ejector changes with flow 
resistances of the exhaust and vacuum ports. The 
change of the vacuum characteristic affects the 
performances of a vacuum toilet system. Then, it is 
necessary to take into consideration the vacuum 
characteristic change to design vacuum system.
In the previous study, Watanabe et al. [1] measured the 
internal pressure distribution of the pneumatic ejector in 
an experiment. Matsuo et al. [2] visualized double-
Vacuum Phenomenon. However, as for the experimental
measurement, exhaust port is atmospheric pressure. As 
well as an experiment, a lot of theoretical analysis is 
studied. B. J. Huang et al. [3], Hisham El-Dessouky et 
al.[4] R. Yapici et al.[5] and Zhu YH et al.[6]
suggested a mathematics model about the ejector in the 
frozen system. To our knowledge, the research on 
ejector with resistance at the exhaust port and the 
vacuum port is few in a pneumatic system.
In this study, the characteristic of the ejector with flow 
restrictions at the exhaust and vacuum ports is examined 
by the experiment, and the semi-experimental model is 
proposed.

PNEUMATIC EJECTOR

The operation principle of an ejector is explained as 
follows. A compressed air is supplied from a supply port.
When air passes the nozzle, it becomes a high-speed.
The negative pressure occurs by high speed flow. Air is 
sucked from the vacuum port by the negative pressure.
The mixed air passes along diffuser and the pressure is 
recovered.
There are "Constant-area mixing ejector" and 
"Constant- pressure mixing ejector" by the position of a 

Nozzle
dn/dn=1[-]

Mixing chamber
dm/dn 3.0[-]

Supply
port

Vacuum
port

Exhaust
port

(a) Flow rate type

Mixing chamber
dm/dn 2.3[-]

Nozzle
dn/dn=1[-]

Supply
port

Vacuum
port

Exhaust
port

(b) Pressure type

Figure 2 Ejector type

jet nozzle. The one that the exit of the nozzle is located 
in suction chamber is called "Constant-pressure mixing 
ejector". The other that the exit of the nozzle is located 
in constant-area section is called "Constant-area mixing 
ejector"."Constant-pressure mixing ejector" is used 
widely because it may show better performance than 
"Constant-area mixing ejector".
"Constant-pressure mixing ejector" can be divided 
roughly into a flow type and a pressure type. A flow 
type ejector and a pressure type ejector are shown in 
Fig.2. As for the area of the mixing section, the flowing 
quantity type is wide, and the pressure type is narrow.
However, the nozzle diameter is the same. The 
characteristic is very different according to the 
difference of the area of the mixing section. The 
difference of the characteristic is experimentally shown 
in the next chapter.

CHARACTERISTIC OF THE EJECTOR

In case of no fluid resistance at exhaust and vacuum 

port

The characteristic in case of no fluid resistance at 
exhaust and vacuuim port is examined. The circuit of an 
experimental setup is shown in Fig.3. The buffer tank 
(5L) is located at supply port of ejector to stabilize 
supply pressure and the supply pressure is controlled by 
regulator. Specifications of the sensor are shown in 
Table 1. The pressure sensor is installed in the supply 
port, vacuum port and the exhaust port of the ejector. 
The variable restriction and the flow meter are installed 
in the vacuum port.
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The experiments are conducted with the flow type 
ejector and the pressure type ejector. The experimental
method is as following. The supply pressure Ps is fixed 
to 600 kPa(abs). The vacuum port pressure Pc and the 
flow rate Qc are measured by varing restriction.
An experimental result is shown in Fig.4. In this study,
the relation between the vacuum port pressure Pc and 
flowing quantity Qc of the vacuum port is called a 
vacuum characteristic. In case of the flow type ejector, a
maximum flow rate is about 120 L/min(normal)

Variable
restriction

Ps Pb

Qc

EjectorAir
supply

Regulator
Pc

Qb
Qs

Buffer
tank

Flowmeter

Pressure
sensor

Pressure
sensor

Pressure
sensor

Figure 3 Experimental setup
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Figure 4 Vacuum characteristics

Table 1 Specifications of sensors
Component Specification

Pressure
sensors

(Kenyence
Corp.)

Ps

Model AP-13S
Range 0-1MPa

Accuracy ± 0.5% F.S.

Pb

Model AP-13S
Range 0-1MPa

Accuracy ± 0.5% F.S.

Pc

Model AP-10S
Range ±100kPa

Accuracy ± 0.5% F.S.
Flow

sensor Qc
Type Laminar flow

Accuracy ± 0.5% F.S.

and the maximum vacuum degree is about 40 kPa(abs).
In case of the pressure type ejector, a maximum flow
rate is about 60 L/min(normal) and is lower than the
flow type ejector, but the maximum vacuum degree is 
about 10 kPa(abs).

In case of fluid resistance at exhaust and vacuum 

port

In this section, the vacuum characteristic with flow
resistance at exhaust and vacuum port is experimentally 
examined. An experimental setup is shown in Fig.5. An 
orifice is connected to an exhaust port or a vacuum port 
as a flow resistance. The diameter of an orifice is shown 
in Table2. Other experimental devices are same as the 
previous section. The experiment is conducted in case
of orifice in the exhaust port and in case of orifices in 
the exhaust and vacuum port.
An experimental results are shown in Fig.6. When an 
orifice is connected only to an exhaust port, the flow 
rate and vacuum pressure are varing. When an orifice is 
added to a vacuum port, a maximum flow rate is only 
varied, but the maximum vacuum degree is not varied.
The reason is that the pressure difference at an orifice is 
not produced when a flow rate is zero. Therefore, the 
maximum vacuum degree does not change. It was 
confirmed that the vacuum characteristic of the ejector 
was varied by connecting the restrictions at exhaust and 
vacuum port.

Flowmeter

Pressure
sensor

Pressure
sensor

Pressure
sensor

Orifice

Ps Pb

Qc

EjectorAir
supply

Regulator

Pc

Buffer
tank Orifice

Variable
restriction

Qb

Qs

Figure 5 Experimental setup

Table 2 Diameters of orifices at both ports
Diameter[m]

Exhaust port Vacuum port
Flow rate type 4.5 2.5
Pressure type 3.8 2.5
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Figure 6 Vacuum characteristics

INFLUENCE OF AN EXHAUST PRESSURE

To predict the vacuum characteristic with a flow 
resistance is very useful in design of the vacuum sysem.
This chapter examines the influence of an exhaust 
pressure by the experiment, and proposes the
approximate equations to make the modeling of the 
vacuum characteristic.

Experimental result

The experimental setup is same as Fig.3, and in order to 
set exhaust pressure, the variable resistance was added 
at the exhaust port. The experimental method is as
following. The supply pressure Ps is fixed to 600
kPa(abs). The vacuum characteristic is measured when 
an exhaust pressure is an atmospheric pressure. The 
exhaust pressure is increased by 10kPa intervals, and 
the vacuum characteristic is measured at each case. The 
experiment is conducted until flow rate is minus value.
An experimental result is shown in Fig.7. The vacuum 
characteristic of a flow type and a pressure type are 
different. As for a flow type, the vacuum characteristic 
changes when an exhaust pressure is increased. On the 
other hand, in case of pressue type, the vacuum 
characteristic does not change up to Pb=110kPa (abs).
The maximum suction flow rate does not change up to 
Pb=130kPa (abs). The flow type causes the backflow 

from Pb =160kPa(abs) and the pressure type causes the 
backflow from Pb =190kPa(abs).

Approximation

The experimental result of the vacuum characteristic is 
approximated. Inclination [(L/min (normal)) / (kPa 
(abs))], and an intercept of vertical axis [L/min 
(normal)] are approximated with the secondary function 
of the exhaust pressure Pb, respectively. Inclination can 
be expressed as an equation (1) and an intercept of 
vertical axis can be expressed as an equation (2).

CPBPA bb ++2 (1) 

FPEPD bb ++2      (2)

Therefore, flow rate Qc is expressed with the function of 
the vacuum pressure Pc and the exhaust pressure Pb. as 
an equation (3).

)++( )++( 22 FPEPDPCPBPAQ bbcbbc (3)
A F is obtained from experimental result. the
approximate equations of flow rate type and pressure 
type is like this.

Qc = (-2.96e-05 Pb
2+3.70e-02 Pb-1.46) Pc

+(-2.43e-02 Pb
2+8.70e-01 Pb+8.46e+01)      (4)

Qc = (1.81e-04 Pb2-3.23e-02 Pb+1.99) Pc

+(-3.40e-02 Pb
2+7.06 Pb-3.69e+02)          (5)
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Figure 7 Vacuum characteristics with increased 
exhaust pressure
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MODELING

This chapter proposes a semi-experimental model to
simulate the vacuum characteristic with a flow 
resistance. This model can predict the vacuum
characteristic with a flow resistance, when the vacuum
characteristic by an exhaust pressure, supply pressure, 
and the characteristic of flow resistance are known

The proposal of a semi-experimental model

The flow rate relation of the ejector is following.

bcs QQQ (6)
Qs and Qb is flow rate of the nozzle and the orifice in 
the exhaust port. It is necessary to obtain the flow rate
characteristic of the ejector nozzle and the orifice in the 
exhaust port. Approximate equation of vacuum flow 
rate Qc is obtained in the previous chapter. Qs is 
calculated from the flow rate characteristic of the nozzle.
Qb is calculated from the flow rate characteristic of the 
orifice in the exhaust port.
The flow rate characteristic of an ejector nozzle and an 
exhaust port orifice is obtain by experimental result. 
The experiment is conducted according to the ISO6358.
The flow rate of the ejector nozzle and the exhaust port 
orifice can be expressed like the equation (7) and (8).

a
sss PCQ 293 (7)

b
a

bbb PCQ 293
(8)

When Pa/Pb 0.528
1b (9)

When Pa/Pb > 0.528
2

1
/

1
b

bba
b b

bPP (10)

From equation (3), (6), (7), (8), following equation is 
obtained.

b
a

bbbb

cbb
a

ss

PCFPEPD

PCPBPAPC

293)}++(

 )++({293

2

2

(11)

Algorism of calculation

The algorism of calculation is shown in Fig.8. At first,
the vacuum characteristic with the flow resistance at  
the exhaust port is calculated. Then, the flow rate 
characteristic of the orifice in the vacuum port is added

and the vacuum characteristic with restrictions at the 
exhaust and vacuum ports is calculated.
The algorism of calculation is explained as follows.

1. An arbitrary Pc is given to equation (11). equation 
(11) becomes the function of Pb and b

2. Equation (11) becomes the secondary function of Pb
when assuming Pa/Pb 0.528. Pb is calculated from 
the Equation (11).

3. If Pa/Pb 0.528 is approved, Qc are calculated from
equation (3) .

4. Pa/Pb 0.528 is not approved, it is assumed Pa/Pb >
0.528. Pb is calculated from equation (11).

5. Qc are calculated from equation (3) .
6. The relation between Qc and Pc is calculated.
7. The following algorism is added when there is a 

flow resistance at the vacuum port. The orifice 
characteristic of the vacuum port is substituted for 
the relation between Qc and Pc of previous result and 
the new relation of Qc and Pc is obtained

The calculation results are shown in Fig.9. The 
calculation results has a good agreement with 
experimental results.

f (Pc ,Pb, b)

START

Qs+Qc=Qb

Flow rate characteristics of
Qs Qc and Qb

Input arbitrary Pc

f (Pb, b)

Assume b=1

Obtain Pb
by quadratic formula

Pa / Pb b
Yes

Assume b 1
No

Obtain Pb
by least squares method

Obtain Qc
by substituting Pb for f (Pb)

Pb

Qc

Obtain Qc for Pc

END

Obtain Qc for Pc

Input orifice
characteristics Q- P

at vacuum port

Modeling with orifice at exhaust port
Modeling with orifices at both ports

Figure 8 Calculation flowchart
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Figure 9 Vacuum characteristics

THE PRESSURE RESPONSE OF A CHAMBER

Generally, a chamber is connected to the vacuum port of 
an ejector. The pressure response of a chamber is 
conducted by the experiment and the simulation.

Experimental setup

An experimental setup is shown in Fig.10. The 
solenoid controlled valve was connected to the supply 
port, and the isothermal chamber[7] is connected to the 
vacuum port. It can be assumed that the temperature in 
the chamber is constant.
The supply pressure is set Ps=600kPa(abs). A solenoid

Ps Pb

Qc

EjectorAir
supply

Regulator

Pc
Isothermal
chamber

Buffer
tank

Solenoid
valve

Pressure
sensor

Pressure
sensor

Pressure
sensor

Orifice

Orifice

Qs

Qb

Figure 10 Experimental setup

valve is opened and the pressure of chamber Pc is 
measured.

Simulation and result

The block diagram is shown in Fig.11. An experimental 
results and a simulation results are shown in Fig.12.
When the orifice is connected to the exhaust port, the 
average error of a simulation in flow rate type and 
pressure type is 0.6% and 1.1%. As a reason of the error,
the approximate equationn of the vacuum flow rate, the 
temperature change of a chamber, etc. can be considerd.
When the orifice is connected to both ports , the average 
error of a simulation in flow rate type is 0.9%, and 
pressure type is 1.0%. average error of a simulation in 
flow rate type is 0.9%, and pressure type is 1.0%. It was 
comfirmed that it was possible to calculate a pressure 
response with sufficient accuracy with a simulation.

Pc

Qc Qc Pcdt
dmc

dt
dPc

Model of ejector system

NTP
V

R c 1
s

Figure 11 Block diagram for simulation
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Figure 12 Pressure response
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CONCLUSION

In this study, the characteristic of a flow type ejector
and a pressure type ejector with restrictions at the 
exhaust and vacuum ports is examined by the 
experiment. the semi-experimental model that can
predict the vacuum characteristic is proposed. This
model can calculrate the vacuum characteristic with a
flow resistance, when the vacuum characteristic by an 
exhaust pressure, supply pressure, and the characteristic 
of flow resistance are known. The pressure response 
experiment of the chamber is conducted, and the 
effectiveness of the simulation is confirmed.
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ABSTRACT

This paper describes a robot with a spherical joint that imitates the shoulder joint of humans. The robot with a spherical 
shoulder joint. The spherical joint has three degrees of 

freedom: abduction or adduction, flexion or extension and internal rotation or external rotation. Furthermore, this robot 
is actuated by a group of pneumatic artificial muscles (PMA), which have high power to weight ratio and an effective 
passive compliance characteristic. Basic characteristics of the artificial muscle are presented. Finally, because of the 
strong nonlinear and time lags of the PMA, model-free adaptive control which is an advanced control method and does 
not require building an off-line mathematical model. At last, sufficient accuracy of 0.5 degrees is obtained 
experimentally.

KEY WORDS

Spherical joint, PMA, Model-free adaptive control

I. INTRODUCTION

Generally, for traditional robots, motors are used as 
drivers and installed in joints. This arrangement can 
enhance the control precision, but increase the inertia and 
weight of the joints and limit its carrying capacity.
Meanwhile, robots with these joints ssess 
high flexibility. In order to overcome these shortcomings 

of traditional robots in high speed movement and rapid 
response, cable-driven robots come into being. 
Compared with the traditional robots, cable-driven robots 
are light in weight and possess higher flexibility of 
movement[1].

In this paper, a robot with a spherical joint that 
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imitates the shoulder joint of humans is designed. The 
spherical joint has three degrees of freedom: abduction 
or adduction, flexion or extension and internal rotation or 
external rotation. 

Compared with actuator actuated hydraulically or 
by motor, Pneumatic Muscle Actuator (PMA) has many 
super properties, such as easy installation, higher 
flexibility, without pollution, lower costs, higher ratio of 
power to weight and so on. In recent years, more 
attention has been paid to PMA all over the world[2].

Since the Pneumatic Muscle Actuator has the 
features of strong nonlinear and time lags, it is hard to 
establish a precise mathematical mode. Model-Free 
Adaptive Control (MFAC) is an advanced control method 
that does not require building an off-line mathematical 
model. MFAC is an ideal method for time-varying 
nonlinear systems which are difficult to identify the actual 
parameters. The basic idea of Model-Free Adaptive 
Control, MFAC)[3] is to introduce a new concept of 
pseudo-partial derivative; to change the ordinary 
nonlinear systems by a series of dynamic linear 
time-varying models; and to estimate the pseudo-partial 
vector of the by the I/O data from the controlled system. 
Finally, the system realizes a model-free learning of the 
nonlinear self-adaptive control.

II. THE CHARACTERISTICS OF ARTIFICIAL 

MUSCLE

The pneumatic artificial muscle actuator that we 
developed is an actuator strengthened by of the woven 
mesh with a certain length. A latex tube is inserted into
the woven mesh in the axial direction. The operating 
principle of the PMA is that: when the compressed air is 
charged into the PMA, the latex tube will inflate in the 
radial direction. Because of the woven mesh, the 
expansion force in radial direction is changed to 
shrinkage force in the axial direction. Meantime, the 
PMA can lead to a amount of shrinkage displacement[4].
The pneumatic artificial muscle actuator used in this 
paper is shown in Figure 1:

The Woven MeshThe Latex Tube

Fig.1 PMA
There are three critical parameters: pressure,

shrinkage force and shrinkage displacement of this PMA.
For the better application of PAM, it is necessary to 
obtain the relationship among the three parameters 
precisely. By testing the static characteristics of the 
PMA(The structural parameters is shown in Table 1),
Three group of curves is obtained and shown in Figure 
2(a), (b), (c)

Table 1 Structural parameters of the PMA

Length 250 mm
Outer diameter 20 mm

Inner diameter 16 mm
Mass 30 g
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Figure 2(a) Relation curve between pressure and 
shrinkage displacement under constant shrinkage force
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III. THE SPHERICAL JOINT ROBOT

A. Structure of the spherical robot
In this paper, a spherical joint using a spherical 

bearing is proposed, as shown as Figure 3. The spherical 
joint has three degrees of freedom: abduction or 
adduction, flexion or extension and internal rotation or 
external rotation. The centers of rotation of all directions 
are in the center of the spherical bearing. An overview of 
the spherical robot is presented as Figure 4. The 
spherical joint, which includes the spherical bearing, is 
driven by three PMA groups. The rotations in three 
degrees of freedom are caused by these three PMA 
groups respectively. The spherical joint and these three 
PMA groups are connected by three metal wires.

8800mmmm

11
33
00
mm
mm

Figure 3 Spherical bearing

PPMMAAggyyrroossccooppiicc
aappppaarraattuuss

Figure 4 Overview of the spherical robot

B. Control System
PMAs are control by the SMC ITV0050 

proportional pressure valve. Gyroscopic apparatus
LCG50 from SILICON SENSING company are used for 
the measurement of joint angles. The structure of the 
control system diagram is shown in Figure 5.

p2

pn-1

ITV0050Supply

LCG50

PMA2

PMA n-1

PMA1

PMA n

p1

pn

Figure 5 Control system diagram

IV. MODEL-FREE ADAPTIVE CONTROL OF 
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THE SPHERICAL JOINT ROBOT

The basic idea of Model-Free Adaptive Control, 
MFAC)[5] is to introduce a new concept of pseudo-partial 
derivative; to change the ordinary nonlinear systems by a 
series of dynamic linear time-varying models; and to 
estimate the pseudo-partial vector of the by the I/O data 
from the controlled system. Finally, the system realizes a 
model-free learning of the nonlinear self-adaptive 
control.

A. Estimate of the pseudo-partial derivative

Considering the following estimation criterion 
function

+ 1 (1)

= [ ( 1)]2 + [ ^

1 ]2 (2)                                       

According to (1) and (2), making the derivative of 
( ) equal to zero and according to the minimized 

algorithm

^ = ^ 1 +
( 1)

+ ( 1) 2

^ 1 ( 1) (3)

that ^ k is the estimated value of the pseudo-partial 
derivative k , k is the learning rate, is the penalty 
factor.

B. Model free adaptive control law

Considering the following input criterion function

= + 1 + 1 2 +

[ ( 1)]2 (4)

               
Where y (k + 1) is the desired output; is the 

penalty factor; [ ( ) ( 1)]2 restricts the control 

input and overcomes the steady-state tracking error.
According to (1) and (4), to make the derivative of 

( ) equal to zero and refer to the minimized algorithm.

= 1 +
( )

+ ( ) 2

+ 1 (5)

                      
Here 

k
is the learning rate and is the penalty 

factor. It limits and restricts the linear 
substitution confine that the dynamic linear system 
substitutes the nonlinear system, so it restricts ( )

indirectly. Besides, it avoids denominator of (5)
becoming zero.

According to (3) and (5), we can obtain the model
free adaptive control low. The structure of the model free 
adaptive control law is shown in Figure 6:

2

( 1)
( 1)

k u k
u k

1z

^ ( )k +

+

^ ( 1)k

+-

1z

1z

( 1)u k

1z

PMA

1z

( 1)y k +
-

^

2^

( )

( )
k k

k
( )y k

+-

*( )y k e

Figure 6 Structure of the model free adaptive control law

V. EXPERIMENT

In this section, we demonstrate the posture control of 
the spherical robot.
A. The rotation of single-degree-of-freedom

In this section, The rotation of abduction or 
adduction is taken as an example. The sampling time is 
0.01s, and the parameters are set as following: k =

0.7 , k = 0.03 , = 1.2, = 1.4

Experiment 1: The adaptability performance: The 
desired output is: y = 50° , The experiment result is
shown in Figure 7.
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Figure 7 Adaptability performance
Experiment 2: The tracking performance: The 

experiment result is shown in Figure 8.
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Figure 8 Tracking performance

B. The rotations of double-degree-of-freedom

In this section, the rotations of abduction or 
adduction and flexion or extension are taken as an 
example. The sampling time is 0.01s, and the parameters 
are set as following: k1 = 0.7 , k1 = 0.03 ,

1 = 1.2 , 1 = 1.4 ; k2 = 0.5 , k2 = 0.07 ,

2 = 1.5, 2 = 1.3.
First, for 0 3s, the desired output of rotation in 

abduction or adduction is 30°. After that, for 3 8s, the 
desired output of rotation in abduction or adduction is 50°.
At the same time, the desired output of rotation in flexion 
or extension is0° . The experiment result is shown in
Figure 9.
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Figure 9 Rotations of double-degree-of-freedom

C. The conclusion of experiments
According to the result of the experiments, for the

rotation of single-degree-of-freedom, the spherical robot
controlled by the model-free adaptive control has fast
response and the steady-state error is less than 1º.
However, for the rotations of double degree of freedom,
because of the coupling between the two rotations, a
sudden change of one rotation will bring the disturbance 
to the other.

VI. CONCLUSION

In this paper, a robot with a spherical joint that 
imitates the shoulder joint of humans is designed. The 
spherical joint has three degrees of freedom and is 
actuated by a group of PMA. Because of the strong 
nonlinear and time lags of the PMA, model-free adaptive 
control is introduced to this system, At last, sufficient 
accuracy of 0.5 degrees is obtained experimentally.

In the future study, a de-coupling control should be 
introduced is this spherical robot for better performance. 
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ABSTRACT

This paper deals a new type of compressor that can deliver the air directions alternatively. This compressor is made by 
replacing the location of inhalation/exhalation air port into proper position of ordinary vane type air compressor. By 
using the compressor the direction or speed of cylinder can be selected changing the clockwise/counterclockwise 
rotational direction and the rotational speed of compressor and the extensional solenoid valves are not needed. In this
report, we choose components of this compressor. The air motor that composes this compressor is paid to attention, and 
a new sample is examined.

KEY WORDS

Key words, Alternative Direction Air Compressor, Air Motor, Energy Saving

INTRODUCTION

In recent years, the global environmental problems, for 
example the global warming, have become increasingly 
serious. Therefore, we must always develop the machine 
which is designed in consideration of energy saving. In
the field of pneumatics, to improve energy conservation 
and efficiency of the air compressor is a problem to be 
solved in the near future, because the source of power 
supply like air compressor use a huge energy. 
Incidentally as the case may be the pneumatic system 
requires the air compressor that can deliver the air both 
directions, that is, inhalation and exhalation from the 
viewpoint of energy saving. The reason is because it is 
possible to control the behavior of the pneumatic 

actuator by selecting the compressed air directions. Such 
air compressor can be seen in the literature, but is 
currently not given. 
Accordingly, the purpose of this study is the 
development of alternative direction air compressor and 
the verification of its fundamental characteristics. 
Furthermore, this study provides the new system which 
is configured by the alternate direction air compressor.

ALTERNATE DIRECTION AIR COMPRESSOR

The alternate direction air compressor is a new 
compressor that can switch the inlet and outlet and 
change the direction of air flow each other. In previous 
studies, the compressor that was designed to meet such a 
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functional specification was producted by hand made but 
the compressor could not get enough pressure because of 
the lack of precision of composed parts. So we focused 
an air motor that is commercially used as an actuator by 
using the air motor. Fig.1 shows the schema of the 
alternate direction air compressor. As shown in Fig.1, the 
compressor is made by air motor driven by the shaft of 
the electric motor. When the electric motor rotates the 
clockwise, the port 1 becomes the exhalation port and the 
port 2 is the inhalation port. On the other hand, when the 
electric motor rotates the counterclockwise the port 1 
becomes inhalation port and the port 2 is exhalation port. 
This compressor can select the moving direction of 
cylinder by changing the clockwise or the 
counterclockwise rotational direction and the speed of 
cylinder is continuously changed by the rotational speed 
of compressor. This compressor needs no additional 
solenoid valve, speed controller and so on, not as the 
conventional pneumatic system.

Exhalation
Inhalation

Inhalation
EXhalation

Air moter Electric moter Inverter

Figure 1 The alternate direction air compressor

Air Motor

In a past study, we suggested air motors which were
constructed as the alternate direction air compressor.
Table 1 shows specifications of the air motor. The 
internal structure of this air motor is a complete 
symmetry, and it may be said that it is the ideal 
construction for the alternate direction air compressor.
Table 2 shows the Output characteristic of the alternate 
direction air compressor is made by this air motor.

Table 1 Specifications of the previous air motor used for 
compressor

Type code TAV2R-030
Rated pressure (MPa) 0.5

At max 
output

(0.5 MPa)

Output (W) 220
Torque (N m) 1.7

Revolution (rpm) 1250
Air consumption (L/min) 650

Min starting torque (N m) 3.3
Mass (kg) 5

Interior volume (mm2) 44

Table 2 The Output characteristic of the previous air 
motor used for compressor

Pressure
(MPa)

Exhalation 0.13
Inhalation 0.073

Flow rate
(L/min)

Exhalation 49.7
Inhalation 60.0

Total mass (kg) 12

We see from Table 2 that the output pressure of weak and 
does not sufficient for compressor. TAV2R-30 is the
smallest air motor in this series. Therefor we developed 
the alternate direction air compressor using two types of 
air motors newly for improvement of the output. Table 3
shows specifications of the new air motors for the 
alternate direction air compressor. These two air motors 
differ in the size, but mechanism is a same.

Table 3 Specifications of new air motors

Type code P1V-S03
0A0E50

P1V-S06
0A0E00

Rated pressure (MPa) 0.6 0.6

At max 
output

(0.5 MPa)

Output (W) 300 600
Torque (N m) 0.40 0.82

Revolution (rpm) 7250 7000
Air consumption 

( /min) 480 900

Min starting torque (N m) 0.60 1.2
Mass (kg) 1.0 2.0

Electric Motor

The alternate direction air compressor is driven by the 
shaft of the electric motor. The electric motor which we
used is an AC motor. We used inverter to control the 
direction of rotation and the rotational speed of motor, in 
order to control the pressure and flow rate. Table 4 shows 
specifications of the electric motor. And Table 5 shows 
specifications of the inverter.

Table 4 Specifications of the electric motor.

Type code EFOU-K
Rated output (W) 200[4-pole]

Rated torque (N m) 1.3
Rated speed (rpm) 1430[50Hz]

Mass (kg) 6.7
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Table 5 Specifications of the inverter.

Type code L100-002MFR
Applicable motor 4-pole ,200W

Rated capacity 0.6kVA

Rated input voltage 100-115V
50/60Hz

Rated output voltage 3-phase 200-230V
Rated output current 1.4A

Control method Line to line sine wave 
PWM

Output frequency range 0.5-360Hz

Output Characteristic for The Alternate Direction Air 

Compressor

We show the performance of the alternate direction air 
compressor using these air motors with electric motor in 
Table 6. The figure 2 shows the pressure in each 
rotational speed and the figure 3 shows the Flow rate in 
each rotational speed.

Table 6 Output characteristic for the compressor

P1V-S03
0A0E50

P1V-S06
0A0E00

Revolution
(rpm)

Exhalation
CW 4880 3160

CCW 4860 3330

Inhalation
CW 5870 3160

CCW 5870 3330

Pressure
(MPa)

Exhalation
CW 0.185 0.153

CCW 0.188 0.151

Inhalation
CW -0.081 -0.073

CCW -0.078 -0.074

Flow rate
(L/min)

Exhalation
CW 35.3 51.8

CCW 33.2 51.0

Inhalation
CW 35.1 43.0

CCW 33.9 44.8

Air capacity 
par a roll
(mL/rev)

Exhalation
CW 7.16 16.4

CCW 6.83 16.2

Inhalation
CW 5.98 12.9

CCW 5.78 13.4
Compressor efficiency (%) 54.4 66.0

Total mass 7.7 8.7
CW ; Clockwise  CCW ; Counter-Clockwise

Figure 2 Pressure in each rotational speed

Figure 3 Flow rate in each rotational speed

Compressor Efficiency

Because the internal volume and revolution levels of 
compressor are different, we compared it with the 
performance as the each compressor. We calculated
efficiency from following expressions (1) (2) and show 
the result in table 7.

(1)

(2)

L0 : Output of the compressor (kW)
P : pressure (MPa)
Q : Flow rate (L/min)

: Compressor efficiency (%)
Li : Shaft input of the compressor (kW)

We decided to use for calculation with a value of the 
biggest exhalation pressure of Table 6. In addition, a 
value of Shaft input of the compressor [Li] is used 
consumption power energy of AC motor which we 

0 = 60
 

=
0
× 100 
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connected.

Table 7 Compressor efficiency comparison

Air motor Output (kW) Efficiency (%)
TAV2R-030 0.108 53.8

P1V-S030A0E50 0.110 54.4
P1V-S060A0E00 0.132 66.0

The Present Problems

We aim at the development of the compressor that needs
downsizing and the high output. This is contradicting 
performance. Thus we prepare samples about air motors 
and AC motor and choose it. About the air motor, the 
structure of the compression room chooses the samples
of methods different conventionally. We adopted the 
compression method of the vane type, but plan 
improvement of the output using the compression 
method of the piston type as the thing which the high 
output can expect airtightness from highly more. About 
the AC motor, we prepare a sample with high output 
power and plan output improvement about the air motor 
of the vane type.
Comparison about The Air Motor

We show air motor to use for the choice of the 
compressor in Table 8. Sample 1 and 2 are the air motor 
of a vane type suggested conventionally. About the air 
motor of the radial piston type, we prepared for the thing 
of the standard that start torque and mass were close in 
because we compare it with the vane type. There are 
sample 3 and 4. We inspect each characteristic using 
these sample, we choice the most suitable component.

Table 8 Comparison of air motor s specifications

Sample Compression  
method

Max 
power
[w]

Min start 
torque
[Nm]

Weight
[kg]

No.1 Vane 600 1.23 2.0
No.2 Vane 300 0.60 1.0
No.3 Radial piston 135 1.96 2.5
No.4 Radial piston 73.5 0.686 1.45

Results

About each sample, we constitute an interactive model 
compressor using the same AC motor and measure 
pressure, flow quantity and the number of revolutions of 
the verge (See Figure 9). And we show the each sample 
efficiency comparison in the Table 9. In the figure 4 is 
exhalation pressure of each sample and in the figure 5 is 
Inhalation flow rate of each sample.

Table 9 Evaluation of characteristics experiment result of 
compressor

sample
Revolution

[rpm]
Pressure
[MPa]

Flow rate
[L/min]

Ex. In. Ex. In. Ex. In.
No.1 3160 3160 0.153 0.073 51.8 43.0
No.2 4880 58700 0.185 0.081 35.3 35.1
No.3 1460 2670 0.185 0.083 47.2 52.9
No.4 2800 4540 0.255 0.097 36.2 39.3

Table 10 Efficiency comparison of each sample

Sample Output (kW) Efficiency (%)
No.1 0.132 66.0
No.2 0.110 54.4
No.3 0.146 72.8
No.4 0.154 77.0

Figure 4 Exhalation pressure of each sample

Figure 5 Inhalation flow rate of each sample
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About the pressure, the difference by the air motor s
exhalation was of particular note. Though all samples 
became more lightweight than the air motor which we
used, we were able to get high pressure. About the air 
motor of the vane type, getting high pressure is thought 
that we were able to put it up to high rotational speed.
About the air motor of the radial piston type, getting high 
pressure is thought that the air tight of the compression 
room is superiority. In the flow rate, we were not able to 
get ever-impressive flow rate by the capacity of the 
compression room having decreased for smaller and 
lighter air motor. A decrease in flow rate, however, is 
approximately 30%. It is not a big loss, because weight is 
lightweight approximately 50%.
We prepared near samples of the weight in each 
compression method, but we did not see different in the 
pressure or flow rate.
New AC Motor

We suggest that we use new AC motor for output 
improvement about the alternate direction air compressor.
It is a problem, however, how we choose new AC motor. 
So we chose an AC motor not to lose the advantage to be 
able to carry itself of the alternate direction air 
compressor. Actually, we were based on 11.7[kg] which 
is total mass of the first alternate direction air 
compressor and chose an AC motor not to surpass it.
Table 11 shows specifications of the electric motor. And 
Table 12 shows specifications of new inverter that is 
used to turn new AC motor.

Table 11 Specifications of new AC motor.

Type code TFO-FK
Rated output (W) 400[4-pole]

Rated torque (N m) 1.3
Rated speed (rpm) 1410[50Hz]

Mass (kg) 8.2

Table 12 Specifications of new inverter.

Type code WJ200-004L
Applicable motor 4-pole ,400W

Rated capacity 1.0kVA

Rated input voltage 200-240V
50/60Hz

Rated output voltage 3-phase 200-240V
Rated output current 3.0A

Control method Line to line sine wave 
PWM

Output frequency range 0.10-400.00Hz

To aim at the high output and rotary level we constituted

the alternate direction air compressor using P1V-S060 
and AC motor of 400[W] and we examined output 
characteristic from it. In addition, we compared it about 
each compressor. We show the combination of air motor 
and AC motor that was compared in table 13

Table 13 Combination of air motor and AC motor

The alternate direction air compressor Total 
massAir motor AC motor

Sample 1 P1V-S060
A0E00 [400W] 10.2[kg]

Sample 2 P1V-S060
A0E00

EFOU-K
[200W] 8.7[kg]

Sample 3 P1V-S030
A0E50

EFOU-K
[200W] 7.7[kg]

Results

First, we show below result of a measurement about 
Sample 1. We show output characteristic for Sample 1 in 
Table 11. In addition, we show the pressure in each 
number of revolutions in Figure 5 and Figure 6 and the 
flow rate in each number of revolutions in Figure 7 and 
Figure 8.
Second, we compare sample 1 to the others. Figure 9 
shows pressure and Figure 10 shows flow rate each 
sample in exhalation when each sample turns clockwise. 
Furthermore, we show compressor efficiency 
comparison about each sample in Table 12.

Table 11 Output characteristic for Sample 1

Sample 1
Revolution

(rpm)
Exhalation 3920
Inhalation 5183

Pressure
(MPa)

Exhalation 0.254
Inhalation -0.085

Flow rate
(L/min)

Exhalation 54.8
Inhalation 50.3

Compressor efficiency (%) 58.0
Total mass 10.2

CW ; Clockwise  CCW ; Counter-Clockwise

Table 12 Compressor efficiency about each sample

Air motor Output (kW) Efficiency (%)
Sample 1 0.232 58.0
Sample 2 0.132 66.0
Sample 3 0.110 54.4
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Figure 6 Pressure of each sample

Figure 7 Flow rate of each sample

First, we have verified that the pressure is 0.254 [MPa], 
the flow rate is 54.8 [L/min] and the revolution is 3920 
[rpm] in exhalation when sample 1 turns clockwise by this 
experiment. And we identified the compressor efficiency 
that is 58.0 [%] by these results. The difference of output 
by the rotatory direction is not seen. 
Second, in figure 6 and figure 7, the sample 1 s
performance is higher than sample 2 s in a high rotary 
level. Sample 1 s compressor efficiency is lower than 
sample 2. We would suggest that it is caused by the 
development of fever in the alternate direction air 
compressor.

CONCLUSION

In this study, we developed a new-type alternate 
direction air compressor is constructed by a air motor or 
a new AC motor. About air motor, we prepared near 
samples of the weight in each compression method, but 
we did not see the difference by the air motor s
exhalation was of particular note in the pressure or flow 
rate. About AC motor, we succeeded in using the 

compressor at a high rotary level and succeeded in 
measurement of the max pressure and flow quantity
together. The important part of this argument is that the 
compressor is useful as a movable small compressor. But 
we have a problem that the compressor produces heat 
when we operate it at a high rotary level. Because it is 
thought that this leads to loss of the energy, the 
construction of the system which can remove heat 
effectively is necessary.
In addition, because compressor efficiency falls by the
improvement of the rotary level, we think about the 
changes of the compression method of the air motor and 
want to develop a more efficient interactive model 
compressor.
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DEVELOPMENT OF QUADRUPED ROBOT
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ABSTRACT

We develop a quadruped walking robot, assuming human cooperative tasks in a construction building or rescue
activity in disaster environment. Pneumatic cylinders are employed as driving actuators since it has explosion
proof and inherent compliance. Owing to the compliance feature external force is easily estimated based on
inner pressure of cylinder. We compose compliance control system on each leg based on the estimated floor
reaction force with disturbance observer. After mentioning overview of the developed quadruped walking robot,
we describe kinematics, statics and control system of each leg. We propose motion control strategy based on the
floor reaction force estimated using disturbance observer. The validity of the proposed control system is verified
through some experiments.

KEY WORDS

Pneumatic actuator, Quadruped robot, Disturbance observer

INTRODUCTION

In order to make a robot to perform several services
in an outer field, its moving mechanism is important is-
sue. The legged mechanism is indispensable especially
for the rough terrain environment since it can select
a contact point arbitrary. Researches for the multi-
legged robots have been classified to the walking mech-
anism, such as ZMP based walking[1] or CPG one[2]
and its application, such as, forestry[3], demining[4],
steep slope operation[5], volcano investigation[6] and
entertainment one[7].
Viewing from the point of size, most of the devel-

oped multi-legged robot are small one except for the
some huge robot. One of the application of multi-legged
robot is a task with human, such as cooperative carry-
ing objects in a construction building or rescue victims
in a disaster area. Such a robot should be the same with
human from the view point of the size and the power
level and also it should hold a compliance property.
We develop a quadruped robot using pneumatic ac-

tuators on the assumption of applying it to the above
mentioned human friendly tasks. Employing pneumatic
actuators bring some advantages as follows. As you
know, compliance is necessary not only for the flexible
property as human friendly robot but also for a stable
gait. Therefore we compose position based compliance
control system on each leg. In this case, force/moment
sensors are generally required but it is not realistic from
a view of cost and reliability especially for a field robot.
In a pneumatic actuator, the control variable (stroke of
piston) is easily affected by the external force, which
means simultaneously that the external force is easily
estimated based on the pressure. We propose a compli-
ance control system using an estimated floor reaction
force with disturbance observer.
The validity of the proposed control system is verified

through some experiments.
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PNEUMATIC QUADRUPED
ROBOT

Fig.1(a) show overview of the developed quadruped
robot and schematic diagram of a leg, respectively. A
leg has 3 D.O.F. , which are driven by pneumatic cylin-
ders. A base plate is 1114[mm] in length and 773[mm]
in width and the total weight of the robot is about
209[kg]. The position and orientation of the base plate
and the position of each leg is described with coordi-
nate frame Σbody placed at the center of base plate and
hand coordinate is defined as h = [x, y, z]. As shown
in (a), the legs are placed being symmetry with respect
to the front and the rear considering the same motion
property for the both direction.
Fig.1(b) shows detail mechanical structure of a leg.

A leg is connected to the base plate with a 2 D.O.F.
gimbal mechanism (joint-1,joint-2). At joint-1,a rota-
tional shaft is inserted and mechanically fixed and the
shaft is held by a base plate with bearings. There-
fore a cylinder-1(80[mm] in diameter)drives a whole leg
around joint-1 by rotating the shaft. The head side of a
cylinder-2(80[mm] in diameter) is also mechanically at-
tached to a shaft with a bearing and it gives a rotational
motion around joint-2 axis. A cylinder-3(100[mm] in
diameter) is mounted on the Leg1 to yield rotation mo-
tion around joint-3. An ankle joint has also 2 D.O.F
gimbal mechanism and they are equipped with passive
dampers.
Here we introduce a joint coordinate θ=[θ1, θ2, θ3]

T

corresponding to the rotational angle around joint-1,2,3
and they are measured by rotary encoders. Figure(c)
shows the moving area of forward right side leg in y− z
plane, where an origin point of h is set at the joint-
1,2 for simplicity. It can be seen that about 700 mm
stroke for y direction(forward direction) is obtained at
the standard height shown by a dashed line in the fig-
ure.
Fig.2 shows driving circuit for one pneumatic cylin-

der. Pressure in both chambers are measured by pres-
sure sensors and each chambers regulated by pressure
control valve, respectively. These 2 control valves are
controlled with one control signal to behave as a SISO
system. A joint angle is detected by a rotary encoder.
The control system must be implemented as a real-time
control system. Real-time control system is composed
based on Linux (kernel 2.6) real-time extension (RTAI
3.8). An operator control the robot by remote login
(SSH) function via wireless LAN.

CONTROL SYSTEM

Kinematics

Fig.3 shows a schematic diagram of forward right side
leg. Owing to the mechanical simplicity of a leg, the

(a) side view

(b) joint of leg
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Fig. 1: Picture of Robot

kinematics can be easily solved.

⎧⎪⎨
⎪⎩

θ1 = sin−1 x
L

θ2 = cos−1 L
2
1+L

2−L2
2

2L1L
+ sin−1 y

L

θ3 = cos−1(−L2
1+L

2
2−L2

2L1L2
)

(1)

, whereL1,L2are length of leg-1 and leg-2, respec-
tively and L =

√
x2 + y2 + z2 is distance between a

center point of universal joint(joint-1,joint-2) and a tip
of leg-2.

Compliance control system

In generally, a position control is composed on legs
for this kind of walking robot and mostly 1-type con-
troller(one integrator in an open-loop control system)
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Fig. 3: Kinematics

is employed. In this case, if a deviation between the ref-
erence position and current one is occurred under the
state of contact with ground, the position controller,
of course, works to eliminate the deviation by inte-
gral effect. Consequently, an inner force affects each
other among legs, which may lead the robot be unsta-
ble. Fig.4 shows this phenomenon. A red line shows
a estimated floor reaction force (described later) for y
direction and blue one shows an actual position of leg
tip for y. We can see that from 26s, floor reaction force
gradualy increase and at 35s a leg suddenly slip on the
ground when floor reaction force overtakes the maxi-
mum friction force. There fore we introduce compliance
control on legs control system.

In order to implement a compliance control, a
force/moment sensor is necessary to mount at the ankle
joint of a leg, however, it is not practical from a view
of a cost and maintenance for the field working robots.
In a pneumatic actuator, the control variable(stroke of
piston) is easily affected by the external force which
enables us to estimate the external force based on the
pressure. Therefore we propose compliance control sys-
tem using not a force/moment sensor but a estimation
function of disturbance observer.

Fig.7 shows the proposed compliance control system,
where τ is a estimated external torque and and it is
fed back as floor reaction force F through a trans-
pose of Jacobi matrix JT from a principle of virtual
work. K−1=diag{K−1

x ,K−1
y ,K−1

z } is a stiffness ma-
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Fig. 5: Image of experiment

trix. Fg(s) = P1(s)A1−P2(s)A2, r, J,D are a generated
force of cylinder, moment arm, inertial moment, damp-
ing coefficient, respectively. First, a disturbance ob-
server is applied to the mechanical transfer part Ps(s).
If the nominal model Pn(s) is the same with Pk(s), then
the estimated disturbance D(s) contains external force
and external torque τ is derived as rD(s). A doubled
line box in the figure is generation force control system
and it is concretely described in the figure(b). A dis-
turbance observer is also applied to this control system,
which works the closed loop transfer function from the
reference Fr to Fg to match the nominal model Ppn(s)
and reduce the influence of piston velocity which works
as a disturbance.
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Fig. 6: Compliance control property

Fig.5 shows the property of force estimation using
disturbance observer. In the state the robot is sus-
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pended by a crane as shown in the figure (a), a mass
of 20 kg hangs from a tip of a leg and then it is re-
moved. Figure (b) shows the element for z direction of
the estimated floor reaction force. Almost satisfactory
estimating performance can be seen.

Fig.6 shows a compliance control property of a for-
ward right side leg. From the initial state suspended
by a crane, the robot is slowly lowered on a ground
and stands with 4 legs for a while and then lifted up
again. A red line shows a floor reaction force normal for
the ground. Green line indicates a reference displace-
ment for z direction of the leg tip and blue one shows
an actual z position of leg tip. In a steady state, the
blue line agrees with green one, which shows the given
compliance is well realized.

ZMP

As shown in Fig.8, moment applied at point p is
expressed as eq.(2), where hj = [hjx hjy hjz]

T (j =
1, 2, 3, 4) is position vector of leg and fj =
[fjx fjy fjz]

T (j = 1, 2, 3, 4) is estimated floor reaction
force. Zero moment point (ZMP), widely used in legged
robot,

τj =
4∑
j=1

(hj − p)× fj (2)

is calculated by setting τ = 0 in eq.(2) as eq.(3).

Walking
direction

f3
f4

f1

f2

z

yx

p

Fig. 8: Floor reaction force

⎧⎪⎪⎪⎪⎨
⎪⎪⎪⎪⎩

px =
4∑
j=1

hjxfjz/
4∑
j=1

fjz

py =
4∑
j=1

hjyfjz/
4∑
j=1

fjz

(3)

Estimation of body orientation

In order to carry out a locomotion, it is important to
estimate the relative posture of the base plate against
a ground. In a static gait, 3 legs are always contact
with ground. Now we select position vectors h1, h2, h3
for the contacting 3 legs. Then a unit normal vector
n for the plane composed by the 3 position vectors is
described as follows.
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Fig. 9: Orientation detection and compensation

n =
(h2 − h3)× (h4 − h3)

|h2 − h3||h4 − h3| (4)

We define the posture of base plane with roll(φ)-
pitch(θ)-yaw(ψ) notation, then the following relation
is obtained.

R · n = [0 0 1]T (5)

,where R is a rotational matrix. Eq.(6) is calculated as
follows with roll angle φ = 0.

{
cos θnx + sin θ sinψny + sin θ cosψnz = 0
cosψny − sinψnz = 0

(6)

Solving eq.(6), the posture angle is obtained as

⎧⎪⎪⎨
⎪⎪⎩

ψ = tan−1 ny
nz

θ = tan−1 − nx
sinψny + cosψnz

(7)

Fig.9(b) shows the compensation of the position and
orientation, where red line is the reference posture and
black one shows the current one. The reference position
vector is described as follows.

hr = RT (h− p) (8)

, where p is a deviation from reference position.
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Fig. 10: step response

EXPERIMENTAL RESULTS

Fig.10 (a), (b) show step responses around x and y
axis, respectively. Owing to the detection and compen-
sation scheme of the position and orientation of a robot
shown in Fig.9, tracking error almost can not be seen in
the steady state. In the current strategy, posture esti-
mation shown in eq.(7) the detected orientation of the
body is just a relative one for the ground. Therefore
we introduced an acceleration sensor to detect absolute
posture of the body. Combining the estimation scheme
of the relative posture of the body with the accelera-
tion sensor, we can detect an inclination of ground. The
blue line in Fig.10 is the posture of the body detected
by acceleration sensor. Fig.11 shows the ability to de-
tect the inclination of ground. As shown in figure (a),
(b), we made an inclination on the ground by inserting
oil jack under the forelegs intentionaly. In Fig.11 (c),
a red line shows y of ZMP and blue line shows x of
ZMP. Green line indicates relative posture of body for
the slope calculated in eq.(7) and light blue one shows
the measured by sensor. We can know the inclination
of ground by the value of acceleration sensor.

Static gait

We employ the intermediate crawl gait[10],[11] which
is the most stable static gait as shown in Fig.12. This
walking style has feature that swing phase and motion
phase for changing of center of gravity is completely
divided. In the situation(a), we make a body move so
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Fig. 11: experiment

that the center of gravity stay in the triangle composed
with the supporting legs and then move the swing leg
to the proper position. After then we continue the sim-
ilar motion as (c),(d) and (e). Fig.13 shows the static
picture of intermittent crawl gait, where (a)(b)(c)(d)
indicate the scene of each leg in swing period in tern.
One cycle(4 legs complete the motion) takes about 25
seconds, to travel about 40cm. Improvement of walking
speed is a challenge for the future.

CONCLUSION

In this study, we developed a quadruped robot with
pneumatic actuators with assumption to apply for the
human cooperative tasks.
A compliance control system is composed on the leg

without using force/moment sensor but with estimat-
ing the floor reaction force by introducing a disturbance

(a)
Leg3

Leg4

Leg1

Leg2

(e)

(b) (c)

(d)

Body

(f)

Fig. 12: Intermittent crawl gait

(a) Leg4 in swing
period

(b) Leg2 in swing
period

(c) Leg3 in swing
period

(d) Leg1 in swing
period

Fig. 13: Intermittent crawl gait

observer. If the servo system of an actuator has enough
stiffness, then the position control of legs will be able
to attain the static gait. But making robot hold com-
pliance for the purpose of above mentioned application,
the dynamics change must be compensated. The dis-
turbance observer is also expected as dynamics com-
pensator.

The improvement of gait motion through the en-
hancement of control performance of leg motion is un-
der the current investigation.
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ABSTRACT

The purpose of this study is to evaluate a construction robot master-slave teleoperation system with video cameras and 
force feedback based on behavioral and subjective measures. The system can provide an operator with a realistic force
feeling according to the actuator condition using the velocity-driving force characteristics. The teleoperation system
comprises two joysticks on the master side, and a robot arm with four degrees of freedom on the slave side. In this study,
we have introduce the control method to actual tasks of conveying and piling up concrete blocks in order to evaluate the
operability based on work efficiency, danger indexes, as well as evaluation of mental strain using NASA-TLX. As a 
result, it is verified that the control method in this system could contribute to improving safety in teleoperation work,
and alleviate the operator’s mental strain.

KEY WORDS

Construction Machinery, Robot, Hydraulic Actuator, Master-Slave Control, Force Feedback 

NOMENCLATURE

The main nomenclature used in this paper is given
below. The subscript i in expressions such as fprei is a 
number i=1-4 corresponding to swing, fork glove, boom
or arm, respectively.
Fc : Average force [-]
Ft : Sum of excess force generated in actuator 

[s]
fpre : Threshold driving force for feed back to

reaction force [N]
fs : Slave force   [N]

kpm : Master proportional [Nm]
kdm : Master differential gain [Nm/s]
kps : Slave proportional [m]
kds : Slave differential gain [m/s]
ktm : Master torque gain [m]
T : Master overall gain [-]
ym : Master displacement [m]
y0m : Standard master displacement (y0m=0.06)  [m]
Ym : Nondimensional quantity of ym(=ym/ y0m)   [-]

mY : Nondimensional quantity of master velocity [-]
ys : Slave displacement [m]

sy : Slave velocity [m/s]
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y0s : Standard slave displacement (y0s=0.3)     [m]
Ys : Nondimensional quantity of y0s ( = ys / y0s)  [-]

sY : Nondimensional quantity of  [-]sy
r : Reaction force (torque) to joystick [Nm]
0r : Standard reaction torque to joystick ( 0r =0.57) 

[Nm]
Tr : Nondimensional reaction torque to joystick 

 ( = r / 0r)   [-]
tc : Contact time [s]

INTRODUCTION

Remote-control robotics is an effective technique in
machine work at certain locations where are considered
difficult and dangerous for human to enter, such as
disaster sites. In Japan, unmanned construction was first
introduced on a practical level in the disaster recovery
work after the eruption of Mt. Unzen Fugen Dake, and
numerous examples of practical application were
reported from that time. In 2001, the Ministry of Land,
Infrastructure and Transport (MLIT) worked out
guidelines for full-scale introduction of unmanned
construction in public works projects. These trends
suggest that unmanned construction will become
increasingly familiar in the future [1,2]
The main trend in a teleoperation system for
construction machinery currently applied in practical 
use is an operation method in which feedback is limited
to visual information obtained by onboard cameras
mounted on the construction machine. But site
information gathered with this method is limited, and
there have been reported that work efficiency is
considerably inferior to that in direct operation [3].
In order to enable safe, high-level teleoperation work, it 
is important to provide site information for an operator
to perceive a realistic feeling of force, or force feedback
(FFB), in addition to visual information. The following
is an overview of past research on the FFB function for
construction machinery.
First, Takasu carried out a basic study of FFB
technology with a master-slave operating system using a 
master that was geometrically similar to the slave. The
results confirmed that it is possible to give an operator a
feeling of a force generated in the slave by
compensating for the self-weight and frictional force of
the slave mechanism and using the force reflecting-type
control method. Next, Yoshinada evaluated an
operability of a master-slave operating system for
handling manipulators used with heavy weights. The
results confirmed that even novices can achieve the
same level of operation as a skilled operator after brief 
trial-and-error operation when a symmetric positioning
and force reflection control methods were used in
combination and FFB was provided for three drive axes.
However, the shortcomings of these systems included
the facts that a separate master with a geometry similar

to that of the slave was necessary, and FFB was given
even when the device dose not touch the object.
The authors previously investigated the FFB function
when performing various tasks (e.g., grasping an object,
etc.) using a hydraulic power shovel (hereinafter,
“construction robot”) with a master-slave system 
comprising two joysticks (a right-and-left pair) as the
master and all drive axes (fork glove, swing, boom,
arm) of the construction robot as the slave. As the first
stage in those researches, we proposed control methods
[4-6] for the fork glove and swing using a symmetric
positioning and force reflection control methods in
combination, in which a threshold value for force
representation was variable by measured
velocity-driving force characteristics. Because external
forces caused by a self-weight of the links act on the
boom and arm, a method [7] with gravitational
compensation was proposed for the control method for
these parts. Experiments and simulations had confirmed
that realistic representation of the feeling of the task was
possible in a wide range of tasks.
As a result of these studies, the effectiveness of FFB for
the construction machinery is gradually becoming clear.
However, this research has not reached a stage where
operability can be adequately evaluated when the FFB 
function is applied to actual work. Thus, more detailed
study is desired in the future.
Due to the high adaptability of human subjects, there
are cases where operability cannot be evaluated
adequately on the basis of work efficiency or work
results alone [8]. In such cases, an evaluation that also 
includes the mental strain on an operator becomes
necessary. Therefore, in this research, the control
method is applied to an actual task, and its effectiveness
is verified by NASA-TLX, which is a representative
subjective evaluation method, in addition to work
efficiency and danger indexes.

TELEOPERATION CONSTRUCION ROBOT 

Figure 1 shows a schematic diagram of the experimental
teleoperation/presence representation construction robot
system treated in this research. 
As shown in the figure, the system comprises two 
joysticks (Side Winder Feedback 2 manufactured by
Microsoft Co., Ltd.) as the master and a construction
robot (A modified version of a Hitachi LandyKID-EX5,
which is a commercially-available backhoe) as the slave.
The joysticks enable forward/reverse and right/ left
movement. To supply an operator with a sense of
grasping an object by the fork glove and the work 
reaction force (force sense) generated by the swing,
boom, and arm in teleoperation, two DC motors are
installed in each joystick. In slave system, a robot arm 
with four degrees of freedom is used; the hydraulic
cylinders (the fork glove, swing, boom, and arm) are
operated by manipulating the joysticks in four directions.
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The four cylinders are operated by feedback control by
proportional valves. Pressure sensors are installed on
the head side and cap side of each cylinder for detection 
of its load pressure. These pressure signals can be used
as force-sense signals 

Construction robot
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Fork glove cylinder

Boom cylinder

Arm cylinder

Swing cylinder

Arm

Boom
Swing

Position
Pressure

Servo amp.
Valve unit

Joystick
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Figure 1 Schematic diagram of experimental apparatus

MASTER-SLAVE SYSTEM 

A control method have been proposed for the fork glove,
which enables realistic representation of a feeling of
grasping with the fork glove in a wide range of grasping
tasks. The features of the control method are briefly
described in the following.
This control method uses a driving force threshold fprei
for representation of driving force, and the threshold can
change continuously depending on the actuator drive
condition using measured velocity-driving force
characteristics ( - fs characteristics). Figure 2 shows
the - fs characteristics of the fork glove. 

sy

sy
The points plotted in this figure show a relationship
between velocities and driving force measured by
experiment. The threshold fpre2 obtained by the least
squares method from these results is expressed as a
function of velocity, and shown by a solid lines in the
figure. Considering minor variations in the measured

- fs characteristics due to the oil temperature, etc., a
certain degree of vertical offset is given to these lines,
as seen in the figure. The functional equations for the
threshold fpre2 of the fork glove obtained from Figure 2
are as Eq. (1). 

sy

In this control method, a reaction force (torque) to
joysticks comprises items that depend on a position,
velocity deviation between the master and slave, and an
item (T2ktm2fs2), which depends on driving force. The
reaction force (torque) r2 to the joysticks at this time is 
expressed by Eq. (2). 

Figure 2 Characteristics of - fssy
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fe_max, fc_max expresses a maximum driving force of the
piston in the expansion and contraction directions
(fe_max=11.7kN, fc_max= -6.8kN). A block diagram of the
control system configured from above is shown in
Figure 3. 
As a concrete example of a task in which the control
method was applied, Figure 4(a)-(c) shows the results of
an experiment in which a rubber tire is grasped. First,
Figure 4(a) shows a change over time in the
displacement Ym2, Ys2 of the joystick and fork glove,
respectively. As shown in the figure, in this task, 
grasping of the tire begins from point A, and then the
grasping force is strengthened in steps at intervals of
approximately 4 seconds. As a result, a condition in 
which the tire is completely crushed is reached at point
B. Next; Figure 4(b) shows the change in the driving
force fs2 of the fork glove. Driving force fs2 increases in
steps accompanying the tire grasping operation, and
reaches a large value at point B, where the tire is
completely crushed.
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Figure 3 Block diagram of this method control

Figure 4 Grasping a tire step by step

Figure 4(c) shows the change in the nondimensional
reaction torque to the joystick Tr2. According to this
figure, between points A and B, Tr2 increases in steps
corresponding to the grasping operation, and after point
B, where the tire is completely crushed, a large reaction
force occurs instantaneously. These results show that the
feeling of this task can be transmitted satisfactorily to 
the operator, even in a grasping task involving a
comparatively soft object. 
Next, extension of the control method to all drive axes
was attempted, including the boom and arm. However,
because cylinder driving force was measured in this
research using pressure sensors mounted on each
cylinder, the measured driving force included load
forces caused by the self-weight of the respective links 
(hereinafter, simply called “load force”), particularly in

the boom and arm. Accordingly, in application of the
control method, it was necessary and indispensable to
compensate for load force in the respective measured
driving forces. Therefore, an equation of motion for the
robot arm was derived by the Lagrange method, and a
relational equation was calculated for joint angle, joint
torque, and load forces due to self-weight of the
respective links when displacements of the boom and
arm were given. Application of the control method was
possible by estimating the external forces due to
self-weight from these results, and compensating for 
these forces in the measured driving force. As a result,
the feeling of the task could be communicated to the
operator satisfactorily for the boom and arm, with the 
fork glove and swing.

EXPERIMENTAL EVALUATION OF
OPERABILITY

Up to this point, this research has examined the force 
representation function when performing various tasks
for all drive axes of the construction robot. Therefore,
an operability evaluation experiment is conducted to 
verify the effectiveness of the FFB function in an actual
task.
EXPERIMENTAL METHOD
The operability evaluation experiment is conducted with 
11 subjects with and without FFB. Figure 5 shows the
composition of the system used in the operability
evaluation experiment.

Camera 1
Camera 2

Construction robot side Operator side

A B

Camera 1
Camera 2

Construction robot side Operator side

A B

Figure 5 Composition of system used in operability
evaluation experiment

A “block stacking task” which could be reproduced in
the experimental facilities used by the authors is 
adapted, referring to the volcanic mudflow
countermeasures work on Miyakejima, which is
performed by remote operation. This task involves
conveying multiple blocks arranged at point A in the
figure to point B, where the blocks are to be arranged.
The blocks are two sizes, comprising 4 large blocks
(approx. 200mm×260mm×100mm) and 2 small blocks
(approx. 200mm×130mm×100mm). The subjects select
4 large blocks and 1 small block from among these,
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move them to point B, and arrange them by stacking in
two levels. The remaining small block plays a role of an
unnecessary block, which the subjects must avoid while
performing the task. Accordingly, the task includes not
simply a block stacking task, but also a sorting task.
Five block arrangement patterns at point A at the start of
the task are prepared in advance in order to minimize
the effect of familiarity with the conditions. Considering
human fatigue, the operability evaluation experiment is
divided over a 2-day period.
As shown in the figure, 2 CCD cameras are installed on
the construction robot side to provide visual information
to the operator. The first camera which is mounted on
the boom attachment part of the construction robot,
photographs the tip of the fork glove at all time, while
the second one which is located at an angle to the right
of the robot, photographs the work site as a whole. To
simulate teleoperation work, operators perform
operation from a different room from the laboratory
where the robot is located.
EVALUATION METHOD
In this research, the evaluation of operability
with/without FFB is performed by (1) work efficiency,
(2) danger indexes, and (3) a mental strain evaluation
(NASA-TLX). The subjects performed the task 5 times
with FFB and 5 times without FFB. Details of the
respective evaluation methods are described in the
following.
(1) Work efficiency
The number of blocks conveyed and arranged at point B
per unit of time (Obj./min) is used as an index of work
efficiency.
(2) Danger indexes
When a construction robot continues work in an 
unstable condition, there is a danger of accident due to
overturning and the like. This condition occurs in cases 
where the fork glove forcibly presses the ground or a
different drive axis is operated while in a pressing
condition. In particular, these conditions tend to occur
easily in teleoperation using only visual information.
The danger indexes used in this research are contact
time tc (hereinafter, “contact time”) in a dangerous
condition, e.g., when the fork glove is forcibly pressing
the ground, and average force Fc (hereinafter, “average
force”) generated by the boom, arm, and swing of the
construction robot while in this condition. Figure 6
shows the method of calculating the danger indexes.
In this figure, the horizontal axis shows time, and the
vertical axis shows the excess force Ft generated by 
boom, arm, and swing. Based on the action-reaction
relationship, the excess force generated by the piston
during contact with the ground surface, etc. can be
treated as equivalent to an external force acting on the
piston. Therefore, the excess forces generated in the
each cylinder can be expressed non-dimensionally by
introducing the aforementioned gain T, and the
generated force Ft is obtained as the sum of these

individual forces. A threshold is set for the generated
force Ft obtained by the above, as shown by a broken
line in the figure, and conditions that exceed this 
threshold are regarded as unstable conditions.
According to this figure, the generated force Ft exceeds
the set threshold in all sections except t1, therefore,
contact time tc can be obtained as the total of sections t2-
t4. The average force Fc is then obtained by dividing the
integral value of the generated force Ft in the given
section by the contact time tc.

Figure 6 Danger indexes

(3) Mental strain evaluation (NASA-TLX) 
The best-known methods of metal strain evaluation are
SWAT (Subjective Workload Assessment Technique)
and NASA-TLX (NASA Task Load Index). In this
research, NASA-TLX is used as the mental strain 
evaluation method as there are numerous examples of
application and introduction is relatively easy.
NASA-TLX was developed by NASA (National
Aeronautics and Space Administration) to evaluate
workloads, and it comprises 6 criteria, mental demand,
physical demand, temporal demand, own performance,
effort, and frustration level. The flow of mental strain
evaluation by NASA-TLX is shown in the following.
First, the importance of the 6 NASA-TLX criteria is 
judged by a pair comparison test. This test is carried out
for all criteria in order to determine which items appear
more important when performing teleoperation.
Because the results of the pair comparison obtained here
have a large influence on the results of the subsequent
evaluation of workload, the pair comparison is 
performed twice to minimize this problem. At this time,
the subjects make comparative judgments referring to
the explanations of the criteria in Table 1. (The Japanese
explanations were prepared referring to a translation of 
the English version of NASA-TLX by Haga et al [9]. A
slightly modified version was used here, as required by
the evaluation of this system).
Next, the experiment described in the preceding section
is performed 5 times. After completion of the
experiment, the subjects assign evaluation scores from 0
to 100 to the 6 criteria. The mean weighted workload
(WWL) score, which is obtained as a weighted average
of the scores given to the 6 criteria and the weights of
the criteria obtained in the aforementioned pair
comparison test, is used as the result of evaluation of 
work load by the NASA-TLX technique. Here, smaller
values of the evaluation scores given and the WWL
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Table 1 Explanations of NASA-TLX criteria

Criterion Explanation

Mental demand (MD)
· Difficulty of sensory grasp of site information and construction machine condition.
· Requires greater than necessary intellectual activity (thought, decision, etc.).
· Difficulty of the given task.

Physical demand (PD) · Requires physical activity (control, movement, etc.).
· Requires rapid work. 

Temporal demand (PD) · Time restrictions on the given task.
Own performance (OP) · Requires accurate achievement of the given task. 

Effort (EF) · Requires more than necessary effort to accomplish the task. 
· Task requires hard physical and mental effort

Frustration level
(FR)

· Feel frustration (toward operation) during work. 
· Feel dissatisfaction during work. 

score indicates lower loads. 
EXPERIMENTAL RESULTS
The block stacking task described above was performed
by 11 subjects. The results for work efficiency, the 
danger indexes, and evaluation by NASA-TLX are 
described below.
(1) Work efficiency

Figure 7 Work efficiency

Figure 7 shows the average values and standard
deviations for the 5 block stacking patterns as work
efficiency results for all subjects. In this figure, FFB and
non-FFB mean the cases with force feedback and 
without FFB, respectively. The horizontal axis shows the
block stacking patterns, and the vertical axis shows work
efficiency. Larger values on the vertical axis mean higher
work efficiency. According to this figure, there is no 
difference in work efficiency without and without FFB.
Thus, no meaningful difference depending on FFB is
found.
(2) Danger indexes
Figure 8 shows the average values and standard
deviations for the 5 block stacking patterns as danger
index results for all subjects.
As in Figure 8, the horizontal axis shows the block
stacking patterns. Here, the left vertical axis shows 
contact time tc when the construction robot was in an 
unstable condition, and the right one shows the average
force Fc in the actuators during tc. Smaller values of tc
and Fc mean work is being performed in a safe condition.
According to the figure, the values of tc and Fc decrease

with FFB in all patterns, in particular, contact time tc is
approximately half that without FFB. This is considered
because, without FFB, the operator must judge the
condition of the construction robot solely by images
from the cameras, whereas with FFB, the condition of
the robot can be grasped directly as a feeling of force.
This result confirmed that subjects can avoid such
situations in which the construction robot falls into a
dangerous operating condition, such as contact between
the fork glove tip and the ground or object being handled,
when FFB is provided.

Figure 8 Danger indexes

(3) NASA-TLX
Figure 9 shows the NASA-TLX results as an evaluation
of mental strain. Because NASA-TLX is a subjective
evaluation method, judgment standards and evaluation
scores differ depending on the subject. Therefore, the
figure presented here shows a typical example rather 
average value for all subjects. In the figure, the black
circles ( ) and triangles ( ) show the scores for the
criteria with and without FFB, respectively. According to
the figure, the scores for most individual items and 
WWL, which represents the total score, are both smaller
with FFB. Therefore it can be understood that the
subject’s mental strain is alleviated. Furthermore, the
trend for all subjects revealed that FFB reduced mental
strain associated with the criteria of mental demand
(MD), effort (EF), frustration (FD), and own
performance (OP). In particular, when new operation
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systems are evaluated, there are many cases in which
only effort (EF) is considered as an evaluation index, and
reduction of effort is equated with reduction of the
workload as a whole. Here, however, it was found that
the score for physical demand (PD) tends to increase
slightly with FFB. The above results confirmed that FFB 
makes it possible to grasp the condition of the
construction robot directly, which is difficult with only
visual information, and this reduces mental strain

Figure 9 NASA-TLX
.

CONCLUSION

The purpose of this research was to provide a realistic
sense of work when using a construction robot by
providing force feedback (FFB) to an operator. The
actual object of the research was a teleoperation system
of a hydraulic power shovel. In previous work, the
authors proposed a method of expanding the FFB
function to all drive axes of a construction robot and 
verified the effectiveness of the control method in
various types of tasks. However, this research did not
reach the stage of evaluation of effectiveness when the
FFB function was applied to actual work. Therefore, in
the present research, the FFB function was applied to an
actual task, and the effectiveness of the control method
was evaluated by NASA-TLX, which was a
representative subjective evaluation method, in addition
to work efficiency and danger indexes. The results are
summarized as follows: 
(1) Work efficiency is evaluated by the number of blocks
conveyed per minute. No meaningful difference related
to FFB is found. This may be attributable to the
comparatively simple nature of the task in this
experiment.
(2) The danger indexes used in evaluations are contact
time tc when the construction robot is in an unstable
condition and average force during this time, Fc. Both 
contact time tc and average force Fc are reduced by
providing FFB. This means that it is possible to avoid
dangerous conditions because the work condition of the
construction robot can be grasped directly by the joystick.
This confirmed that the safety of work involving
teleoperation could be improved by providing FFB.

(3) In the evaluation of mental strain, a subjective
evaluation by NASA-TLX was used. As a general trend,
it was found that FFB is associated with lower scores for
mental demand, effort, frustration, own performance, and
the total score, WWL (weighted workload), while
conversely, the score for physical demand increases.
These results confirmed that, although physical demand
tends to increase slightly with FFB, the mental strain on
operators can be reduced. This is attributed to the fact
FFB makes it is possible to grasp the condition of the
construction robot, which had been difficult when
feedback was limited to visual operation.
We applied the control method to carry out a block
stacking task. As a result of experiment, the effectiveness
of the control method was verified by NASA-TLX, in
addition to work efficiency and danger indexes.
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ABSTRACT 

Hydraulic excavators are widely used around the world and control strategies play an important role in improving the 
performance of excavators, reliability, energy consumption and exhaust. A hardware-in-the-loop (HIL) simulation 
system of the hydraulic excavator is established, which can provide high performance in simulation environment, 
improvement in efficiency and safety, and  lower cost. The HIL simulation system contains several parts, e.g., 3D 
real-time display platform, model of the hydraulic excavator and real physical components. With the hydraulic 
excavator HIL simulation system, some experiments have been done. Also some applying plans with the HIL simulation 
system are proposed. 

KEY WORDS:  

Hydraulic excavator, Hardware-in-the-loop simulation, Real-time model, Three-dimensional display, dSPACE 

INTRODUCTION

Earthmoving machines are widely used all over the 
world and excavators are one of the most important parts 
in the heavy duty machine’s field[1]. So hydraulic 
excavators have been paid much attention. As the rapid 
development of technologies and the requirements of 
consumers and environment, manufacturers of 
construction machinery are more than ever aware of the 
importance of improving the quality of the product, 
reducing cost and shortening the period of study and 
develop new products. Traditional process of developing 
new construction machinery is a serial of design 
processes, which contain theory research, engineering 
design, sample machinery manufacture and debugging, 
and so on. These process consume a lot of money, human 
power and time. The technology of hardware-in-the-loop 
simulation has introduced a new method to design new 
construction machinery in a parallel process. Also, the 

proposed technology can provide a reliable environment 
for designing and testing a new product, which makes 
several processes, e.g., the manufacturing of mechanical 
structures, the testing of hydraulic and electric systems 
and the debugging of control algorithms to be carried out 
at the same time. Hence, it is beneficial to shorten the 
period of design, improve the quality and reliability, and 
reduce the cost and risk. 

1. The configuration of the HILS platform 

The HIL simulation system is a real-time simulation 
system, which contains some real physical parts and 
virtual simulation models[2]. It can be seen from Fig. 1

that the HIL simulation platform of the hydraulic 
excavator is made up of four parts: dSPACE real-time 
simulation system[3], multifunctional physical experiment 
system, three-dimensional (the “3D”) real-time display 
unit and model of the hydraulic excavator[4]. Part A is the 
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dSPACE real-time system, which plays an important role 
in the whole simulation system. It is installed in the host 
computer and exchanges data with the host computer 
through ISA bus. While changing the simulation model 
into real-time codes and downloading them into dSPACE 
system, the real-time system receives signals from 
handles or controllers and the dSPACE system begins to 
calculate the model. Part B is the multifunctional 
physical experiment system. It contains power system, 
sensors, hydraulic control unit and so on. Part C is the 
3D real-time display unit[5], which is used to display the 
real-time motion state of the virtual hydraulic excavator 
actually and intuitively to make the human-machine 

environment better. Part D is the real-time model of the 
hydraulic excavator. It consists of power system model, 
hydraulic system model, mechanical system model and 
load model of the hydraulic excavator.  
As shown in Fig. 1, when the HIL simulation system is 
used to simulate the working condition of the hydraulic 
excavator[6], the signal of control sticks are delivered to 
dSAPCE to control proportional directional valves of 
physical system and directional control valves of the 
excavator model. At the same time, the signal of pressure 
sensor of the physical system is imported to dSPACE 
system. Then it can be achieved that the data transmits 
between the physical system and the model.

Fig. 1 The configuration of the HIL simulation platform 

2. The three-dimensional real-time animation of the 

hydraulic excavator 

A 3D real-time animation software of the hydraulic 
excavator has been designed to display the real-time 
motion state of the virtual hydraulic excavator. The 
software displays three advantages: (1) It can be used to 
simulate the motion process of hydraulic excavator. (2) It 
can improve the simulation accuracy and intuitiveness. 
(3) It can make the human-machine environment 
better[7].
As shown in Fig. 2, there are four steps to develop the 
3D real-time animation software. Firstly, the geometric 
models of the hydraulic excavator components, which 
are made up of base, rotation body, boom and boom 

cylinder, arm and arm cylinder, bucket and bucket 
cylinder and so on, are built with 3DS MAX software. 
Secondly, the file type of these geometric models is 
changed into .X. With the particular file type, the model 
files can be identified with DirectX software. DirectX 
SDK is a set of APIs which provides a set of multimedia 
development tools for Windows system applications and 
hardware associated itself with strong three-dimensional 
graphics display ability. So the 3D real-time animation 
software of hydraulic excavator is programmed with 
VC++ and DirectX. At last, the motion state data of the 
hydraulic excavator model is transmitted from dSPACE 
system to the 3D real-time animation software by serial 
port.
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Fig.2 Steps of developing the 3D animation software 

Fig. 3 The HIL simulation system of the hydraulic excavator 

3. The experiment study with the HIL simulation 

system  

Fig. 3 shows the HIL simulation system of the hydraulic 
excavator. The left part of Fig.3 is the control platform 
and researchers can control the simulation process 
through the control sticks or the Controldesk software of 
dSPACE. The right part is the hydraulic simulator system, 
which contains power system, control units and so on.  
In general, the HIL simulation system has two 
characteristics, which are real-time and accuracy. The 
real-time performance depends on the hardware as well 
as the software. For example, the calculating speed of 

controller and communication speed can affect the 
real-time performance of the whole system. In order to 
guarantee the real-time performance, the excavator 
model is built with MATLAB carefully and the 
simulation step is chosen appropriately. The performance 
of accuracy mainly depends on the accuracy of model. 
Besides, with some real physical components in the HIL 
simulation system, so it’s more accurate than off-line. 
In order to test the real-time and accuracy performance 
of the HIL simulation system, an experiment is designed:  
The sticks are manipulated to control the proportional 
directional valves of real physical system and the 
directional valves of the hydraulic excavator model at the 
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same time; then signals of sensors are acquired and 
transmitted to dSPACE to compare with the simulation 
values calculating from the excavator model. The result 
is shown in Fig. 4~6.
Fig. 4 expresses the boom cylinder displacement of the 
realistic system and the simulation model. It illustrates 
that the boom cylinder is stretching from 10s to 30s 
while the cylinder is retracting from about 47s to 72s. 
The two curves of the HIL simulation and experiment are 
nearly the same, which indicates that the HIL simulation 
system is accurate enough and in real-time. Similarly, the 
cylinder speed curves in Fig. 5 support the conclusion. 
Fig. 6 shows the pressure of two cylinder chambers. 
Comparing these curves, the HIL simulation results fit 
with the experiment curves most of time. It proves the 
accuracy of models and real-time performance of the 
HIL simulation system again. 

Fig. 4 The boom cylinder displacement of experiment 
and HIL simulation 

Fig. 5 The boom cylinder speed of experiment and HIL 
simulation 

Fig. 6 The pressure of rod chamber and non-rod chamber 
of the boom cylinder 

4. The applications of the HIL simulation system 

In general, the HIL simulation system is intended for use 
in four applicable situations. First, the HIL simulation 
can be used to test the accuracy of models; second, it is 
suitable for debugging the subsystem, especially the 
controller, before the real physical experiment; third, it is 
available when some parts of the system are too complex 
to build these models[8]; fourth, usually it is used to 
imitate some components, the costs of which are too high. 
Then in our hydraulic excavator HIL simulation system, 
the four applications are carried out. 

4.1 The application of testing model accuracy 

As Part 3 described before, it is an application of testing 
the model accuracy. The sticks are manipulated to 
control the real physical system and the hydraulic 
excavator model at the same time; then signals of real 
sensors are acquired and transmitted to dSPACE to 
compare with the simulation values calculating from the 
excavator model. From the comparing results, it is easy 
to judge whether the models are accurate. 

4.2 The application of debugging controller 

The controller and control strategies of the hydraulic 
excavator play an important role in reducing the fuel 
consumption and improving the performance of 
manipulation. Then the debugging of control strategies 
and controller is important[9]. Usually the controller is 
connected with control object—the real excavator to test 
its performance directly. But this traditional method has 
some disadvantages: Firstly, it’s maybe dangerous to 
debug the machine when the control strategies have not 
been proved whether they are true. Then, it’s needed to 
run the excavator in the process of debugging, which will 
consume a lot of energy. At last, it costs a lot of time to 
debug the controller. 
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These three disadvantages can be compensated with HIL 
simulation system. When our HIL simulation system and 
real-time model of the hydraulic excavator have been 
established, it’s just needed to connect the controller with 
the dSPACE and control the real-time model to debug 
the controller. it is convenient and beneficial to shorten 
the design period, improve quality and reliability and 
reduce the cost and risk. 

4.3 The application of improve simulation accuracy 

Hydraulic systems are strong nonlinear systems and hard 
to establish their model. Besides, the excavator hydraulic 
system is too complex to build the accurate model. So in 
the HIL simulation system, a real hydraulic system is 
built in instead of hydraulic model. Then the whole HIL 
simulation system runs with real-time model and real 
hydraulic system, which increases the simulation 
accuracy. 

4.4 The application of diesel engine imitation 

Usually some subsystems cost high and have some other 
weak points. Then components with similar function are 
chosen to instead of the subsystem in experiment rig.  
With the difference of performance between subsystems 
and their substitutes, the experiment rig can’t imitate the 
real system accurately and completely. Hence, HIL 
simulation system can solve this problem. Fig. 7

illustrates the function and structure of HIL simulation 
system. The upper block diagram is the real subsystem 
and the input is x while output is y. Actually our 
imitation item with the substitute is that the substitute 
output is y when input is x like the real system. As the 
under block diagram shows, a model of real system has 
established and its output y is the input of substitute 
closed cycle. Then the substitute output yi is very similar 
with y.

Fig.7 The simulator based on HIL simulation system 

Take our HIL simulation system as an example. Usually 
the diesel engine is the power system of hydraulic 
excavator. But its price is too high and the noise is too 
loud. So an electric motor is used to imitate the diesel 
engine in the hydraulic excavator HIL simulation system. 
The structure is showed in the Fig. 8. The load curve is 
imported to the dSPACE system to control the pressure 

and flow rate of the system. Then the torque feed back to 
the diesel model and the rotational speed is imported to 
control the electric motor .Then the electric motor can 
simulate the diesel work condition. 

Fig. 8 The configuration of diesel engine  
simulation system 

5. Conclusions  

Hydraulic excavators are widely used around the world 
and control strategies play the important role on 
improving excavators’ performance, reliability, energy 
consumption and exhaust. A hardware-in-the-loop(HIL) 
simulation system of the hydraulic excavator is 
established, which can provide high performance 
simulation environment, improve efficiency and safety 
and reduce cost. The HIL simulation system contains 
several parts, like 3D real-time display platform, model 
of the hydraulic excavator and real physical components. 
With the hydraulic excavator HIL simulation system, the 
experiment is done to prove the accuracy and the 
real-time performance. At last, some application plans 
with the HIL simulation system are proposed. 
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ABSTRACT 

 
 
The large scale manipulator for heavy industries has been developed. The manipulator is driven by the 
electric-hydraulic servo mechanism and operated by the new bi-lateral master-slave control system. The new system 
features the combination of the symmetric type bi-lateral and the force reflection type. Additionally the variable servo 
stffness control method is introduced and it enables to cope with both the high payload ability and the precise 
controllability. The system can convey heavy weight objects (up to 2200kg), and also it can accomplish the dexterous 
tasks such as grinding and assembling. In this paper, the outlines of the developed manipulator are described and the 
results of the evaluation tests are presented. 
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Hydraulic manipulator, Bi-lateral Master-slave, Compliance control

 
 
 

INTRODUCTION 
 
The technology of the industrial robots has matured and 
a large number of robots are applied for various tasks in 
many production lines. However due to their small 
payload (usually less than 100kg), the robot applications 
for heavy industries are practically limited. Even today 
slow and dangerous hoist cranes are widely used for 
conveying and assembling work in heavy industries. To 
improve these situations, the authors tried to develop a 
new high speed and high payload handling system for 
heavy industries. 

ADVANTAGE AND DISADVANTAGE 
 OF HOIST CLANE 

 
The overhead traveling hoist cranes (Fig.1) are the most 
popular conveying system in heavy industries. The 
operation of this type crane is rather easy. Usually they 
have only six push buttons (up, down, north, south, east 
and west) on its control pendant. All the operator has to 
do is to push the button indicating the direction that he 
or she wishes to move the object. So this operation 
system does not require expert skills. Another advantage 
of the hoist crane is the literally flexibility. As a work on 
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the hoist crane is hanged by a flexible wire rope, the 
position and posture of the work can be changed easily 
by human power. It is very convenient to precise 
positioning or assembling such as a pin insertion into a 
hole. On the other hand, to prevent swing of a work 
hanged by a flexible wire rope, the hoist crane can not 
accelerate or decelerate quickly. This is the reason that 
the conveying speed of the hoist crane is limited to 
lower range. Another disadvantage is the major problem 
must be solved. To operate the hoist crane, an operator 
has to stand by a work. This means that it is very 
difficult to isolate the operator from danger and harmful 
work environment. Some parts of the lower productivity 
of heavy industries is caused by these disadvantages of 
the hoist crane. 
 

 
 
 
 
 
 
 
 
 
 
 
  

Figure 1  Overhead traveling hoist crane 
 

DEVELOPED SYSTEM 
 
The targets of the developing system are set as follows, 
 
1) Easy operation system requiring no experience 
2) High speed conveyance 
3) Flexible and dexterous controllability 
4) Operator isolation from danger and bad environment 
 
To achieve these goals, the bi-lateral master-slave 
manipulator system was introduced. The bi-lateral 
master-slave system is well known as the control system 
of the manipulators for the sub-sea ROV or the nuclear 
power plant maintenance robot. This system can provide 
very intuitive operability and it is very easy to obtain the 
proficiency in operation. And the distinct feature of this 
system is the force reflection function. The force acted 
on the slave manipulator is fed back to the operator 
through the master manipulator and it makes possible to 
realize the dexterous controllability.  
 
The following three types of the bi-lateral servo are 
known as the basic configurations. 
 
1) Symmetric type 
2) Force reflection type 
3) Force feedback type 

Fig.2 shows the scheme of each system. 

 
 

Figure 2  Types of Bi-lateral servo 
 
“Symmetric type” does not need force sensors and it is 
basically stable. This type provides a good sense of unity 
between the master and slave manipulator movement, 
but the force reflection ability is rather low. “Force 
reflection type” has good force transmissibility and 
“Force feedback type” is even better, but these types 
need some plan to make the system stable especially in 
the case that the slave manipulator contacts with a hard 
object. Taking these points into consideration, the new 
bi-lateral master-slave control system suitable for large 

Symmetric type 

Force reflection type 

from “Japan Copper & Brass Association” Home Page 

Force feedback type 
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scale manipulator is introduced. The scheme of the new 
system is shown in Fig.3. The slave manipulator which 
handles heavy weight objects is driven by the high 
output hydraulic cylinders (21MPa). The master 
manipulator is actuated by the electric servo motors 
which have the high fidelity of the reflection force. The 
system includes both the symmetric type and force 
reflection type bi-lateral servo. The symmetric type 
makes the system stable and the force reflection type 
provides the precise force reflection. The force acted on 
the slave manipulator is made smaller by 1/100-1/400 
and reflected to an operator through the master 
manipulator. This brings an operator the sense of unity 
with the slave manipulator movements and it makes 
possible to move heavy weight works very smoothly.  
To accomplish complicated tasks, good position and 
force controllability is indispensable. The hydraulic 
servo system has very low compliance and it has a good 
effect on the position controllability, but in contrast, it 
will become a difficult problem for precise force control. 
The authors perceived that the dexterous tasks such as 
assembling and grinding were done at rather low speed. 
From this observation, the variable servo stiffness 
control method using pressure feedback was introduced. 
It changes the system compliance according to the 
manipulator traveling speed and it provides the accurate 
trajectory controllability at high speed and precise force 
controllability at low speed. Additionally the disturbance 
forces such as the friction, viscosity and the deadweight 
of the master and slave manipulator are compensated as 
shown in Fig.3. As the result, it was confirmed that the 
non-linearity of the position controllability was less than 
1% and the response delay less than 0.1sec, and as to the 
force controllability, they were 3% and 0.1sec 
respectively. Fig.4 shows the prototype manipulator. 
Each manipulator has 6 DOF plus a gripper. The length 
of the slave arm is upper 2000mm and lower 1500mm 

respectively. The master manipulator is one-seventh 
scale model of the slave manipulator. The payload of the 
slave manipulator is 100kg and the maximum speed is 
2m/sec. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4  Prototype manipulator 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 Figure 3  Scheme of the proposed bi-lateral servo system 

Slave manipulator 

Master manipulator 
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TEST RESULTS 
 
Using the prototype manipulator, the performance of the 
proposed system was evaluated.  
 
Position traceability 
It is not easy to evaluate the actual position traceability 
of the manual manipulator. It is not the correct 
evaluation to measure the linearity and the time lag of 
each joint. So we devised the new method shown in 
Fig.5. The procedure is as follows. 1)Command the 
adequate radius circular trajectory at a regular speed 
using the master manipulator. 2)Measure the horizontal 
acceleration at the end of the slave manipulator. 3)If the 
slave manipulator can trace the circular trajectory 
correctly, the output of the acceleration sensor shows the 
sinusoidal curve. 4)To compare the sensor output with 
the theoretical sinusoidal curve. This method is very 
effective to understand the operator’s actual feeling of 
the position traceability.  
The test result of the prototype manipulator is shown in 
Fig.5. Even at the maximum speed (2m/sec), the output 
of the acceleration sensor shows the good agreement 
with the theoretical curve. From this observation, it is 
considered that the developed system has the good 
position traceability. 
 
Force transmissibility 
Fig.6 shows the test result of the force transmissibility. 
The bi-lateral ratio (= the ratio of the slave manipulator 
load to the master manipulator reflected force) is set at 
134. The force acted on the slave manipulator is 
reflected accurately to the master manipulator. 
 
Peg -in- Hole task (Assembling work performance) 
“Peg-in-Hole” is well-known as the representative task 
to evaluate the assembling work performance of the 
robot. We prepared the hollow steel pin as the peg and 
set the strain gauges on its inner surface. The outer 
diameter of the pin is 99.9mm. The hole has 100mm 
diameter and the both edge of the pin and hole are 3mm 
chamfered. Using this peg and hole, the “Peg-in-Hole” 
task was tested and the work time and the stress exerted 
on the peg during the insertion were measured.  
The results are shown in Fig.7. The bottommost graph in 
Fig.7 shows the test result when the force reflection is 
cut off entirely. Under this condition, the work time is 
very long and the large stress is exerted on the peg. The 
top graph shows the result when the force reflection is 
maximum. In contrast, the work time is really short and 
the stress on the peg is significantly reduced. From these 
observations, it is understood that the force reflection by 
the bi-lateral control is very effective to accomplish the 
assembling tasks speedy and smoothly.  
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 

Figure 5  Test result of position traceability 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6  Test result of force transmissibility 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 7  Test results of “Peg-in-Hole” task 
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Operation learning curve 
To evaluate the easiness of the operation system, the test 
shown in Fig.8 was carried out. The task is 
“Peg-in-Hole”, but the clearance between the peg and 
hole is a bid larger than one used in the assembling work 
performance test. The peg and the hole are set on the 
table at a distance of 300mm. The one set of the task is 
as follows. 1)Pick up the peg using the salve manipulator. 
2)Carry the peg to the point above the hole. 3)Insert the 
peg into the hole. 4)Draw the peg. 5)Return the peg at its 
original position. The testee repeats this task and the 
changes of the cycle time are observed. The result is 
shown in Fig. 8. The cycle time of the expert is settled 
around seven or eight seconds. As the novice operator, at 
the beginning of the test, he required about 30 seconds to 
finish one set of the task. But the cycle time reduced 
gradually, and after 8 minutes passed, his cycle time is 
almost close to the expert operator. This result shows 
that the developed operation system is very intuitive and 
within half hour the novice operator learns to 
accomplish the complex tasks in the equal cycle time 
with the expert. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8  Operation learning curve 
 
Fatigue characteristic 
The fatigue characteristic of the developed operation 
system was evaluated. The tested task is the same 
“Peg-in-Hole” as the operation learning evaluation test. 
Both the testee A and B are the expert. They continued to 
do the task and the changes of the cycle time were 
recorded. The result is shown in Fig.9. Both the cycle 
time of A and B are slowly decreasing. During the 30 
minutes continuous operation, there is no tendency of 
the cycle time increasing. From these results, it is 
considered that the developed operation system does not 

give the intense fatigue to the operator. 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9  Fatigue characteristic 
 

 
PRODUCTION MODEL 

 
Obtaining the good results from the evaluation test of the 
prototype manipulator, the production models were 
produced. Fig.10 shows the one of the production model. 
The slave manipulator is equipped on the crawler 
vehicle, and the master manipulator is set in the 
air-conditioned close cabin on the vehicle. The 
maximum payload of this model is 700kg. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 10  Production model 
 
 
Fig.11 shows the lineup of the production models. Their 
payload range is from 200kg to 2200kg. 

Peg-in-Hole Task 

Master manipulator of production model 

Outer view of production model 
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Figure 11  Lineup of production models 
 

APPLICATIONS 
 
The production models are received the good response 
from the market. The typical applications are handling 
and grinding in the casting and forging foundries. Some 
examples are shown in Fig.12. In every cases, the 
worker‘s environment was significantly improved and it 
was confirmed that the tact time was shortened by 1/7 in 
the case of the handling work and by 1/4 in the grinding 
work respectively. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 12  Examples of applications 
 

NEXT WORK  
 
It is conceivable that the developed technology could 
benefit to the future operation system for construction 
machinery. The authors are trying to apply the bi-lateral 
master-slave control method into the hydraulic excavator. 

As a master manipulator, the 3-dimensional joystick 
lever was newly designed and the new master-slave 
control method with different configurations was 
introduced. It can yield an affinity with a conventional 
joystick lever and give the comfortable feeling to the 
conservative construction machinery operators. Fig.13 
shows the some examples of the test scenes. It was 
confirmed that complicated tasks such as the concrete 
cutting could be easily accomplished using the new 
master-slave operation system. This study is still 
continued and it is bringing the valuable information for 
the future operation system. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 13  Test scenes of master-slave excavator 
 

CONCLUSIONS 
 
To replace the conventional overhead hoist cranes, the 
high speed and dexterous manipulator for heavy 
industries is developed. The control method of the 
manipulator is newly proposed and it shows the good 
performances as is expected. The production models 
were introduced into the many factories and it was 
confirmed that the manipulator shortened the tact time 
and improved the worker’s environment significantly. 
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ABSTRACT 

 
The increased systems complexity and performance request for electro-hydraulic applications, ask for more performing 
electronic systems and control functions. The new powerful microcontrollers and efficient cross compilers, encourage 
the floating point mathematics usage in the software control routines, useful to directly reuse the routines generated by 
the simulation tools, despite the lack of control for precise resulting routine execution.    
The paper describes a practical experience of system performance optimization on a microcontroller installed on 
electro-hydraulic systems for mobile applications. A deeper analysis carried out on execution time occupied by floating 
point mathematic operations, working on the software side of the mechatronic component, led to a considerably better 
performance. Here it is demonstrated that, without lack of precision, fixed point mathematics are more performing, if 
executed by modern microcontrollers, even if more instructions are executed by the software routines due to the 
necessary rescaling of factors needed by the requested precision. 

 
 

KEY WORDS 
 

Floating Point, Fixed Point, Electronic Valve Control, Embedded Systems, Real Time 
 
 
 

NOMENCLATURE 
 

I :  current (A)  
ms :  milliseconds  
ns :  nanoseconds  
P :  Pressure (bar)  
μs :  microseconds  
Q :  Flow rate (l/min) 
SP :  Spool Position (mm) 
V :  Voltage (V) 
   

INTRODUCTION 
 

In the last years the complexity of digital control of 
electro-hydraulic components and systems increased, due 
to the continuous request for better performance, 
efficiency and safety. Moreover, due to the increased 
quality and reliability of the simulation environment the 
electronic control of Mechatronic systems is moving 
away from maps and vectors towards a model based 
approach, in order to model in a better way the 
controlled actual systems and to reduce the dependency 
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on control parameterization. In this scenario, useful tools 
allow to generate in various automatic ways C/C++ 
language code or pseudo-code, that can be transferred 
into embedded systems compiled binary files, or in 
hardware-in-the-loop platforms (HWIL), in order to test, 
on the physical bench or directly in the machine, the 
designed control strategies. This productivity increment 
brings with it a design habit: the floating point 
mathematic usage. Floating point mathematic is a 
powerful method to calculate and to perform the control 
actions, once the system is simulated or treated by a 
HWIL powerful platform, but very difficult to be 
managed by an embedded microcontroller not featuring a 
Floating Point Unit (FPU). Sometimes it can be though 
that a limited usage of Floating Point mathematic in a 
software program doesn’t affect its real-time; this paper 
demonstrates that this is normally a risky approach, due 
to the high CPU load resulting from floating point to 
fixed point conversions and vice-versa and due to the 
uncertainty related to time required by the floating point 
/ fixed point data conversion. A real case study of a 
product whose control was optimized, and its 
performance increased, is presented, analyzing the 
performance and performance comparison from the 
floating point mathematic to fixed point mathematic used 
in two versions of embedded software in the mechatronic 
component electronic control unit.  

 
THE SYSTEM 

 
The paper describes a real case study of a Two Stage 
Directional Valve Spool Position Control.  
 
 

 
The directional valve is a CAN controlled remote of an 
agricultural tractor and the spool position is controlled by 

a couple of three-way flow regulation valves, 
electronically and independently controlled on the basis 
of the spool position feedback from a contactless 
position sensor. As shown in Figure 1, the two 
proportional flow regulation valves are controlled by two 
electronically controlled PWM signals, regulated by a 
Freescale HCS12 series microcontroller, a powerful 
16-bit core microcontroller widely used in mobile and 
automotive applications. The only feedback related to the 
position of the two proportional flow regulation valves is 
the current feedback acquired through the Analog to 
Digital Converter (ADC) of the microcontroller, while 
the current regulation is realized through an hardware 
circuitry, directly controlled by the PWM signal, by the 
specialized output of the microcontroller. The two 
proportional flow regulation valves are totally 
independent, and can be separately controlled, in order to 
increase the spool dynamic control performance. This 
first stage valve configuration gives the possibility to 
reduce the spool speed during transients, opening the 
opposite valve in respect to the desired direction of the 
spool movement, in order to avoid spool position 
overshoot, that is not desirable in a flow control of 
actuators. In fact a second stage spool position overshoot 
can result in a damage in some applications, due to a 
possible wrong actuator final position caused by an 
excess of oil flow in the final stage of actuators (e.g. 
hydraulic cylinders). The control module that is studied 
in the paper is composed by the two first stage valves, 
the electronic control unit embedded in the valves 
enclosure and the second stage valve spool position 
sensor. The module, called Multidrom®, is produced by 
Tecnord Company and is mounted in a wide number of 
directional valves and widely used both in agricultural 
machines and in earthmoving and construction machines, 
all over the world. The Multidrom® module adaptability 
is a challenging characteristic because of the control 
stability and robustness for the entire range of 
applications.  
In fact the control is the same for all applications, and the 
tuning is realized only through a different parameter set 
for each different application and valve section.  
 

 

 
Figure 1 The Multidrom System Structure with 

electro-hydraulic valves and the flow regulation spool  
 

Figure 2 The Multidrom Module coupled with a 
Directional Valve 
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THE STATE OF THE ART 
 

The Multidrom module is produced in various versions 
and it is provided with a complex control strategy that is 
based on a feed forward function implementing the 
model of the electro-hydraulic flow control valves and 
the second stage flow regulation valve; moreover, in 
order to compensate the model uncertainties and the 
environment variables, a feedback function based on a 
PID with variable gains and a differentiated anti-windup 
strategy is implemented, coupled with the feed forward 
function. The PID was optimized on a test bench and an 
important dependency from oil temperature was 
observed. Thus, in order to reach a good compromise 
between control stability and performance various 
parameter sets were defined, as a function of the second 
stage configuration. From the software point of view, all 
strategies, implemented in standard C language, were 
written using floating point mathematics, allowed by the 
Metrowerks CodeWarrior compiler and by the Freescale 
microcontroller used for the application. That 
mathematics setting is a modern choice, allowed by the 
increased calculation power of the new microcontroller 
products on the market, protects from some kind of data 
type error, leaving the control for data dimension to the 
microcontroller, while implies a considerably greater 
time to execute the requested operations with the 
Arithmetic Control Unit (ALU) of the Microcontroller. 
 
 

 
The resulting maximum rate for the control function 
execution and the necessary controls for diagnosis and 
communication was 5 ms (cycle period). This 200 Hz 
control frequency is apt to control a classic second stage 
dynamic of the flow regulation valve coupled with 
Multidrom modules, whose step response was measured 
to be 110 ms from central neutral position to the 
complete open position both in extend and retract 
direction, as shown in Figure 3; but the control dynamic 
can result unable to take advantage of the higher 

dynamics of the electro-hydraulic controlled valves of 
which is provided the Multidrom module. Tests 
performed on a test bench demonstrated that, in some 
high dynamic working condition, the control was unable 
to avoid flow regulated valve spool position overflow 
and that the steady state error was difficult to be 
nullified; in fact the control reactivity, needed for 
dynamic performance, created a bigger reaction on small 
dynamics and near the steady state spool position (in 
Dark-Green in Figure 3). This is the classic 
demonstration of the limits of linear controls, like the 
PID (Red, Light-Green and Blue lines respectively in 
Figure 3) even if provided with variable gains and 
anti-windup system, that is unable to be tuned for highly 
non-linear systems. The main idea of this work is to 
reduce the CPU control time in order to increase the 
frequency of the control function execution, in order to 
observe the dynamics of the controlled systems in a 
shorter time period, where the model linearization is 
allowed and then the linear controller is apt to regulate 
the system behavior.  

  
THE CONTROL IMPLEMENTATION 

 
The control strategy was primarily designed using a 
mathematical model of the system, and, in a second 
phase, was translated in ANSI C language and 
cross-compiled for the HCS12 Freescale microcontroller 
family using the CodeWarrior C/C++ compiler.  
Many calculations are executed using single precision 
float data type, 32 bits, 8 for the exponent, 23 for the 
significand and 1 for the data sign as stated in [1] and [2], 
that are expressed in the form: 
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          (1) 

 
Where sign is the most significant bit, bi are the base 
fractional binary values and e is the exponential binary 
value. The microcontroller converts all data using Eq. (1) 
for each control function run using shift, multiplier and 
divider functions of the ALU (Arithmetic Logic Unit) 
both for direct and for reverse conversions.  
For each addition/subtraction the ALU converts the 
floating point numbers in order to obtain the same 
exponent for all operation’s elements and then execute 
the addition or subtraction; after the operation another 
shift can be executed in order to normalize the result in 
case of overflow or underflow of the operation executed; 
similarly for multiplication and division. To multiply  
for example, the significands are multiplied while the 
exponents are added, and the result is rounded and 
normalized. Thus, the floating point mathematic need for 
more instruction to be executed by the microcontroller 
ALU, in order to normalize the numbers before and after 
the operation over the mantissa in fixed point mode. 

 
 

Figure 3 Step Response with Floating Point Software 
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The resulting control function task execution time can 
vary considerably from the best to the worst case from 
550 μs to 820 μs, depending on the number of floating 
point operations that need shift for normalizing data to 
the standard format. Figure 4 shows the multiple 
acquisition of the control function execution time, 
obtained using an Oscilloscope with the “persistency” 
function activated at 2 seconds of period. The signal 
shown is the status of an hardware output pin of the 
Freescale microcontroller activated in the first instruction 
of the control function and deactivated in the last 
instruction of the control function; the task execution 
time is then affected by the introduction of two new 
instruction for switching the hardware pin status: the 
time for each switch is around 25 ns at 80 MHz clock.    
The real need for floating point was evaluated as 
suggested in [3], and it was found that, using integer 
numbers with 32 bit precision in the intermediate 
computations of the control function, the range of values 
was sufficient to cover the entire range of intermediate 
calculations of the actual control implementation (also 
solved in [4]). In fact fixed point mathematics does not 
reduce the precision with respect to single precision float 
data, if the value of variables does not change for more 
than 7 orders of magnitude if, when necessary, 32 bit 
variables are used; nevertheless the microcontroller 
executes faster the control strategy.  
Moreover a fixed point algorithm requires the designer to 
write much more controlled code, because of the need to 
verify the absence of overflows in fixed point operations, 
while in floating point mathematics the designer can lose 
the feeling on the data dimension in the control function 
implementation. 
Last but not least, considering the embedded systems 
structure and method to design, tune and test digital 
control systems, it is clear that a large number of floating 
to fixed point and vice-versa are necessary, in order to 
perform the complete software structure. Data to be 

transmitted to a data logger over CAN network, for 
example, are converted from floating point to fixed point, 
in order to be sent in a readable format to the logger 
through CAN messages; in the same way, control 
parameters are sent and stored in memory in fixed point 
format, as usual for human thinking. Moreover looking 
at the sensor inputs and at the output of the control 
system and analyzing the microcontroller peripheral 
structure, the spool position is acquired by a 10 bit ADC 
channel and the control action is actuated through a 
PWM signal by a peripheral where a control register 
must be filled with a 10 bit duty cycle value in real time. 
All these values are in fixed point format and a 
conversion is necessary to pass from/to floating point 
format in control function.    
 
 

 
 

 
 

Figure 5 Task Control Duration with Floating and Fixed 
Point Mathematics 

 
 All these conversions and the strategies required by the 
application limits the repetition time for the control task 
at 5 ms at least. The mean value of the pure control 
function time occupation with floating point mathematics 
is shown in the Figure 5 above and is around 550 μs.  
The new control was then implemented, modifying the 
software control code by replacing all floating point 
computation and variables with equivalent fixed point, 
thus reducing the data dimension to 16 bit integer, when 
possible, and using 32 bit variables where needed for 
computation requirements.  
The result for the mean value of the control function time 
occupation with fixed point mathematics is shown in the 

 
 

Figure 4 Uncertainty in Floating Point Control Task 
Duration  
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Figure 5 below and is around 180 μs.  
This performance increase was similarly obtained in the 
other functions of the application, where floating/fixed 
point conversions were operated. 
 
 

 
The result in terms of occupation time by the main 
control function is shown in Figure 6, where in the above 
image is presented the result for control action time 
distribution at 5 ms, while in the below image the control 
function time distribution at 1 ms is shown. The figures 
demonstrate that no delay due to other tasks is present in 
the control function time distribution and then that the 
control is executed at deterministic time intervals. In 
order to ensure the equivalence of the new software a test 
version was created where, for each computation 
modified both versions were implemented and a control 
was added in order to evaluate both the consistency of 
the new software version and the precision. 
 

ResultFloatX = float_functionX(); 
ResultFixedX = fixed_functionX(); 
if ( ResultFloatX != (float) ResultFixedX ) 
{ 
 error_management_function(); 
} 

 
After the new and old versions comparison, the final 
software version was settled at 500 μs of cycle time for 
the main control function, resulting in a 10 factor for 
control dynamic in respect to the original control.  

This software configuration increased considerably the 
dynamic and steady state system performance. 
 

COMAPRATIVE TESTS AT TEST BENCH  
 

A Multidrom equipped flow regulation valve was 
installed at test bench and tested in various working 
conditions, using both software versions reloaded on the 
same unit for each test. The monitoring of control task 
execution time and cycle time was maintained using a 
probe directly connected on a software controlled pin of 
the microcontroller (the red cable in the Figure 7), while 
all other data, both from sensors and from control 
corrections, were acquired through the Multidrom CAN 
network with Vector Canalyzer at 500 μs frequency. 
  
 

 
The same CAN network analyzer was used to simulate 
CAN commands to the module through a dynamic script 
that simulated time histories of set point for flow 
regulation commands automatically sent by the same tool.  
 
 

 
 

 
 

Figure 6 Task Control Period and precise repeatability 
at 5 ms and 1 ms timing (new software) 

 
 

Figure 7 The System under test at the test bench 

 
 

Figure 8 Step full displacement response with control 
contribution and Peak strategy: Integral term Blue line, 

D term Green line, P term light blue line.  
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Figure 8 shows the main control strategy behavior, that 
applies a fully powered command for big errors in set 
point spool position, while starting to use the variable 
gains PID for small errors [5].  
In the figure a full extend to retract transient is presented, 
in order to show the second stage spool dynamics.  
A very small spool position overflow is observed and it 
can be noted that it does not result in a higher flow 
because it is in the fully opened spool displacement 
region. 
 
 

 

 
 

Figure 9 Small step response 
 
The green line is the derivative correction, the light blue 
is the proportional correction (saturated) and the blue is 
the integral term correction. The values in the vertical axis 
are the ADC acquisition values in 10 bit resolution. The 
total spool displacement is 16 mm (at 0,02 mm/bit).The 
best results are in the small set-point variations and in 
steady state error, that results stable with the new control. 
As show in the comparison in the two graphics in Figure 
9 for small step response, here 0,35 mm, the faster control 
action results in a 10 times reduced time for reaching the 

90 % of the difference and absence of overshoot (new 
software with fixed point mathematics: below graphic; 
old software with floating point mathematics: above 
graphic). In both graphics the green line is the set-point 
for spool position and the blue line is the spool position 
direct acquisition through the Hall effect sensor in the 
Multidrom module. 
  
 

 

 
 

Figure 10 Sinusoidal Set-point with Step dynamic 
 
As presented in Figure 10 a variable set-point with steps 
response and a sinusoidal waveform results in a better 
dynamic response in the new software (below graphic in 
the Figure) and in a uncorrected spool position error in the 
old software version (above graphic in the Figure), while 
the dynamic response at big steps are comparable for the 
two software versions. 
In both graphics the green line is the set point command 
and the blue line is the spool position sensor signal. 
The same differences can be found in Figure 11, where 
step response coupled with a saw-tooth set-point time 
history was generated (new software in the below  
graphic in the Figure). The most remarkable result is the 
control robustness in function of the control pressure that 
should be optimal at 20 bar, but that can be varied in a 

335
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



range of values without lack of precision in flow 
regulation, except for the dynamic performance. 
With the new software version the Multidrom module 
allows the control pressure reduction to 8 bar, while the 
original software is unable to reach the set-point value 
and the diagnostic strategies lead it to protection condition 
in safe state (neutral spool position).  
 
 

 
Figure 11 Saw-Tooth Set-point with Step dynamic 

 
As shown in Figure 12 a complete retract to extend 
transient was generated with low dynamics in 30 s time, 
in order to characterize the steady state error with 8 bar of 
control pressure in the Multidrom flow control valves.  
In the above graphic in the Figure, it can be noted that the 
old software strategies, based on Floating point 
mathematics, are unable to reach the set-point and, after a 
diagnosis time the control valves are switched off by the 
module, in order to lead the spool of the controlled vale in 
the neutral position (safe state).  
Conversely in the below graphic in the Figure, it can be 
observed the entire stationary characteristic of the spool 
position control response, that is lead by the new software 
based on fixed point mathematics, through the neutral 
position at 400 ADC value, that corresponds to 8 mm 

(0,02 mm/bit for the spool position acquisition), with no 
error in steady state control even if in low (degraded) 
pressure condition. In the graphic are also in evidence the 
two dead-band and the two polarization currents near by 
the valve center rest position.  
A higher dynamic without spool position overflow, the 
absence of steady state error, the complete spool position 
hysteresis and an increased robustness against the control 
pressure variation are the most remarkable results; all 
these performance increase are due to the PID feedback 
correction, that results easier for smaller errors that are 
observed in shorter time between two control actions.    
 
 

 
 

CONCLUSIONS 
 

The optimization of the control function, obtained with 
the sole mathematics optimization performed on a real 
product case, represents an important case study for all 
research groups that need for more performance for an 
embedded control system.  
The limited computing power available in the embedded 
systems and microcontrollers, even if in continuous 

 
 

 
 
Figure 12 Low pressure quasi-static characteristic
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growth, is not sufficient to implement floating point 
mathematics based control functions, obtained for 
example as output products of widely used simulation 
tool-suites.  
Conversely fixed point mathematics, the standard 
embedded mathematical library in the automotive sector 
today, is suitable for optimal control and fits the data 
field for the most part of applications without lack of 
precision in respect to floating point mathematics and 
represents a good compromise for real time control of 
mechatronic components in electro-hydraulic 
applications. 
The next step for fixed point mathematics test and 
validation, in our study for electro hydraulic controls 
design, will be the direct synthesis of fixed point control 
blocks in simulation environment and their test on 
models and in control function translation for embedded 
systems programming [6]. This method should allow a 
direct comparison on control performance compared 
with floating point mathematics control blocks and 
functions directly on simulation environment. 
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ABSTRACT 
 

Recently, there has been increasing researches on light weight and high power robot hands that use the artificial 
muscles. In this research, to hold heavy loads with various shapes, we have developed a new bending soft mechanism 
that uses artificial muscles. We have developed two different types of slim hydraulic artificial muscles, contracting type 
and extending type. Both types can be applied high hydraulic pressure, and have a great advantage on the ratio of the 
generated force / mass. Bundling these high hydraulic artificial muscles has a great potential to realize soft bending 
mechanisms which have high generated power, stiffness variable in wide range and shape adaptability.  

In the previous report, we showed experimentally that combining two muscles of extending and contracting motion 
realizes much higher stiffness than combining the muscles of same motions. In this paper, we develop a power soft 
mechanism bending in any direction which consists of a contracting muscle and six extending muscles and evaluate its 
performance experimentally. Applying hydraulic pressure of 1.0[MPa] causes the bending angle of 160[deg] and the 
force of 40 [N] at the mechanism top. 

 
KEY WORDS  

 
McKibben actuator, Soft Mechanisms, Hydraulic actuator 

 
 
 

INTRODUCTION 
 

Recently, many researchers are rather more focused on 
the development of artificial muscles as a source of 
actuating forces to replace conventional pneumatic and 
hydraulic cylinders. Above all, McKibben type artificial 
muscles developed by Shulte et al in the 1961 [1] are 
typical ones, they are light in weight, but can generate 
considerably large contraction forces. Thus, there has 
been increasing researches on light weight and high 
power robot hands that use the rubber actuators [2] [3] 
[4]. 

In this research, we intend to develop hydraulic 
artificial muscle based on McKibben muscle. They are 
not only contraction type but also extension one, and to 
apply them to new soft mechanisms generating high 
power with high compliance. Applying hydraulic 
pressure causes the big amount of motion and force of 
mechanisms. 

Previously two types of water-driven artificial muscles 
namely contraction type and extension type, were 
developed, and by using them we realized soft 
mechanisms generating bending motion with high 
stiffness as shown in Figure 1, the mechanism can 
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generate high force at mechanism top and big amount of 
bending motion. As a result, we showed experimentally 
that combining two muscles of extending and 
contracting motions realizes much higher stiffness than 
combining the muscles of same motions. However 
previous mechanism can bend in only one direction 

In this report, we apply this design method to a new 
power soft mechanism bending in any direction which 
consists of a several extending/contracting muscles and 
evaluate its performance experimentally.   

 
 

 
 

Figure 1 Basic concept of high stiffness bending rubber 
mechanism 

 
 

WORKING PRINCIPLE 
 

Here we explain the hydraulic artificial muscles for the 
proposed soft mechanisms mentioned above. 
 Yokota et al. applied McKibben type muscle to the 
hydraulic artificial muscles, which have an advantage in 
power mass ratio over the any actuators [5]. We also 
have applied McKibben muscle to hydraulic ones, and 
uniquely our muscle can generate not only contracting 
motion but also extending one individually. Figure 2 
shows the composition of a hydraulic artificial muscle 
and its operating principles. 

 
 

 
 

Figure 2 Constitution of the hydraulic artificial muscle 

The Hydraulic artificial muscle consists of a rubber 
tube covered with fiber sleeves and two terminals fixed 
at both ends. One terminal has a plug for inlet of 
working fluid from pumps as shown in the above Figure. 
Generally McKibben type muscles generate contraction 
forces expressed by the following equation [1], and the 
equation can also be applied to the hydraulic artificial 
muscles. Additionally the equation is effective for not 
only contracting force but also extending force. 

 
 

                              1  
 
 

D0, denotes diameter of artificial muscle; P, applied 
pressure; θ0, initial knitting angles of sleeve; ε, 
contraction rates. This equation indicates that variation 
of forces, and generated forces vary with the initial 
knitting angles. Given that generated forces are 
proportional to applied pressure, the developed artificial 
muscles, using water instead of air as working fluid to 
apply high pressure, can generate large forces.  

 
STRUCTURE 

 
Figure 3 shows the overview of knitting sleeve fibers 

of two types of artificial muscles, (a) is contraction type 
and (b) is extension type. In the previous report, we 
clarified that artificial muscles of contraction type show 
a good result of a balance in expansions in radial 
direction and contractions in axial direction when 
knitting angles are around 25 [deg] and extension type 
show a good result of best extensions displacement  
when knitting angles are around 65 [deg][6][7][8].  
Depending on specifications of cord-making machines, 
knitting angles of the artificial muscles were 23.5 [deg] 
for the contraction type and 66.5 [deg] for the extension 
type. Fibers of the sleeves are p-Phenylene-2, 
6-Benzobis Oxazole (PBO) fibers, which have the 
highest levels of tensile strength and elasticity modulus 
among organic fibers as well as high decomposition 
temperatures and fire resistance. 
 
 

 
(a) θ0=23.5 [deg] (b) θ0=66.5 [deg] 

 
Figure 3 Overview of the PBO sleeves 
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The three-layered tubes are of such structure to have 
PBO sleeves in Figure 3 inserted between the tube and 
chloroprene rubber. Figure 4 shows cross section of the 
actuator. The three-layered tube has an outside diameter 
of 21 [mm], an inner layer of 2.0 [mm] thick rubber, a 
middle layer of 1.0 [mm] thick sleeve, and an outer 
layer of 1.0 [mm] thick rubber. PBO fibers, which are 
likely to deteriorate due to ultra-violet light and water, 
are protected by the inner and outer layers of rubber. 
Moreover, rubber getting into gaps of fiber bundles to 
eliminate clearance between rubber and sleeve seems to 
work for prevention of local changes. 

 
 

  
 

Figure 4 Cross-section of the three layer rubber tube 
 
 

Figure 5 shows components of the artificial muscles 
developed in this research. The artificial muscles consist 
of three-layered tubes, special terminal plugs, hose 
bands, and parts to apply hydraulic pressure. The 
terminal plugs are of such shape that lots of small 
inverted truncated cones are piled up to prevent the 
plugs from falling off due to application of high 
pressure and to prevent the inner layer of rubber from 
getting damaged due to water leakage. 

 
 

 
 

Figure 5 Parts of high hydraulic artificial muscle 
 
 

EXPERIMENTS 
 

Artificial muscle 
We have conducted experiments to actuate the 

developed two types of artificial muscles. In the 

experiments, we have applied hydraulic pressure of 1.5 
[MPa] to the each type of artificial muscle having 
effective actuation part of 300[mm]. Figure 6 shows the 
appearances of the developed artificial muscles when 
hydraulic pressure of 1.5 [MPa] is applied; the upper 
artificial muscle in the Figure is of extension type and 
the bottom one is of contraction type. Details of the two 
types of artificial muscles are given in Table 1 together 
with their experimental results: both artificial muscles 
of extension and contraction types have got 
displacements of around 70 [mm] in 

 
 

 
(a) 0 [MPa] 

 
 

 
(b) 1.5 [MPa] 

 
Figure 6 Driving experiments of three kinds of artificial 

muscles 
 
 

Table 1 Details of artificial muscles 
 

 Contraction 
Type 

Extension 
Type 

Knitting Angle [deg] 23.5 66.5 

Effective changeable 
Part [mm] 300 300 

Displacement [mm] of 
1.5 [MPa] 75 68 

Generative force [N] 
of 1.5 [MPa] 2285 230 

 
 

We have also measured forces generated in the axial 
direction as well as variations in length. Figure 7 shows 
the overview of the experimental setup to measure the 
generating force. A hydraulic cylinder is used for 
generating the pulling or pushing load onto the muscles. 
One end of the each muscle is fixed and the other end is 
connected to the cylinder rod. The artificial muscles are 

300300300300    [m[m[m[mmmmm]]]]    

Contraction muscle

Extension muscle
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driven by a water hand pump. Water is supplied to the 
muscle through hydraulic tube. The contraction and 
extension force is calculated from hydraulic pressure in 
the cylinder measured by a pressure sensor.  

 
 

 
 

Figure 7 Experimental setup for generating force test 
 
 

The contraction muscle endures the pressure of 1.5 
MPa to achieve maximum contracting force of 2.3 [kN] 
and contraction ratio of 25%. On the other hand, the 
extension muscle endures the pressure of 1.5 [MPa] to 
achieve maximum extending force of 0.23 [kN] and 
extension ratio of 23%. Those experimental results are 
shown in Table 1. The experimental data agrees well to 
theoretical data. 

 
Basic bending mechanism 

In order to increase stiffness of the mechanism 
consisting of rubber actuators, the structure needs to 
have two parts to bear contraction forces and to bear 
tensile forces. Mechanism consisting of a combination 
of either extension type actuators or contraction type 
actuators will fail to give high stiffness. For example, 
Flexible Micro Actuators (FMA) [9], a mechanism 
consisting of a combination of three actuators of 
extension type, has difficulties in increasing stiffness in 
the vertical direction to the axis. In this research, we 
have developed bending rubber actuators with high 
stiffness, in which high stiffness and large curvature are 
both achieved through a combination of multiple 
artificial muscles of extension and contraction types. 
Figure 8 shows simple models of such bending actuators 
before and after being actuated. We denoted the length 
of artificial muscle before actuation at L; its radius, at r; 
variation rates of the artificial muscle after actuation, at 
α; curvature radius of the actuator, at R; and bending 
angles at the tip, at θ, bending angles R and curvature 

radii θ are expressed by Equations (2) and (3) 
respectively. 

 

rR
α

100
=                  (2) 

 

r
L
⋅=

100
αθ          (3) 

 

 
 

Figure 8 Simple model of bending actuator 
 
 

Figures 9, 10 show the design and overview of 
developed actuators. This actuator uses the slim 
artificial muscle with one contraction type muscle on 
the upper side and two extension type muscles on the 
lower side. As their variation rates become identical if 
the same pressure is applied, it is possible that they will 
make similar motions with the structures. They are 
made up of 600[mm] in length of artificial muscles 
bound together with binding bands, so that hydraulic 
pressure application makes them bend towards the 
upper side. Although variation rates of artificial muscles 
of extension and contraction types may differ in certain 
pressure bands, flexibility of the artificial muscles 
works for prevention of any play or bucking. 

 
 

 
 

Figure 9 Design of muscles for high stiffness 
bending actuator 
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(a) 0 [MPa] (b) 0.3 [MPa] 

 

 
(c) 0.6 [MPa] (d) 0.8 [MPa] 

 
Figure 10 Driving experiments of high stiffness bending 
actuator combining one contraction and two extension 

muscles 
 
 

Based on the initial state, the bending actuator bends 0 
[deg] at the central axis of the tip when no hydraulic 
pressure is applied and 270 [deg] when hydraulic 
pressure of 0.8 [MPa] is applied, representing a 
variation rate of about 10%. Substitution of these values 
in Equation (2) will make the curvature of the actuator 
330 [deg]. With attenuation of forces due to frictions or 
others taken into account, theoretical values and actual 
measurements are nearly identical with each other, 
which validate the basic concept. This type of actuators 
can make larger-angled curvatures and higher stiffness 
than the ones made by a combination of artificial 
muscles of either extension type or contraction type. 
 
Power soft mechanism bending in any direction 

Based on this result, we have developed the power soft 
mechanism bending in any direction. The design is 
shown in Figure 11. This mechanism is composed of the 
radial arrangement of six extension muscles in 
surroundings of one contraction muscle. Seven artificial 
muscles are bundled at intervals of 50[mm], and the 
length of the effective bent Part of the mechanism is 
500mm. This composition makes it possible to bend in 
any directions by driving two adjoining extension 
muscles and contraction muscle at the center. 
Interference of non-drive muscle during bending in a 
certain direction does not influence so much and 
actually it is possible to bend in any direction, because 
all the artificial muscles have flexibility. 

 
 

 
 

Figure 11 Design of muscles for a power soft 
mechanism bending in any directions 

 
 

Figure 12 shows the initial state and driving state of 
the developed new mechanisms. The mechanism bends 
160 [deg] when hydraulic pressure of 1.0 [MPa] is 
applied, we were able to confirm this mechanism bent in 
any direction. 

We measured forces generated at the mechanism tip of 
the axial vertical direction as well as amount of bending. 
Those experimental results are shown in Figure 13. 

 
 

 
(a) 0 [MPa] 

 

 
(b) 1.0 [MPa] 

 
Figure 12 Overview and driving experiments of power 
soft mechanisms bending in any directions combining 

one contraction and six extension muscles  

Contraction muscle
Extension muscles  

Extension muscles    

500 [mm] 

500 [mm] 

160 [deg] 
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Figure 13 Experimental results of generative force to 
hydraulic pressure 

 
 

The experimental result showed that applying 
hydraulic pressure of 1.0[MPa] causes the maximum 
force of 40 [N] at the mechanism top. However, the 
problem that the response was low because the 
difference of the generation power of the extension type 
and the contraction type was great remained. 

 
CONCLUSION 

 
We have developed power soft mechanisms bending in 

any direction by bundling artificial muscles of 
contraction and extension types. Through the 
experiments on such mechanisms, we have confirmed 
that they realize bending in any direction and high force 
in the bending direction. This design is based on 
concept of combining contraction/extension muscles.  

In the future, we will establish the design method of a 
soft mechanism by the optimization of the arrangement 
of the artificial muscles using nonlinear finite element 
method with a different direction of the drive. The 
mechanism for the heavy loads with various shapes will 
be achieved by combining power soft mechanisms 
bending in any direction with constructing the hydraulic 
pressure control system. 
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ABSTRACT 

Recently, power assisted nursing care systems have received much attention and active research.  In such control 
system, an actuator and a control valve are mounted on the human body.  In such designs, the size and weight of the 
valve become serious concerns.  At the same time, the valve should be operated with lower energy consumption using 
limited electrical power.  The purpose of our study is to develop a small-sized, lightweight and lower energy 
consumption control valve.  In our previous study, a new type of fluid control valve with a self-holding function using 
a permanent magnetic ball in a check valve, a cylindrical magnet and two solenoids was also proposed and tested.  In 
this study, a digital servo valve with self-holding function is proposed and tested.  As a result, we can confirm that the 
tested digital servo valve can control output flow rate in both supply and exhaust. 

KEY WORDS

Wearable Control Valve, Self-holding Function, Low Energy Consumption, Digital Servo Valve, Permanent Magnet 

INTRODUCTION

Recently, force feedback devices in virtual reality and 
power assisted nursing care systems[1][2] have received 
much attention and active research.  In such a control 
system, an actuator and a driving device such as a 
control valve are mounted on the human body[3]-[5].  
When we consider the development of a wearable 
control valve that can drive pneumatic actuators to 
support the multi-degrees of freedom of human motion, 
the size and weight of the valve become serious 
concerns.  The typical electromagnetic solenoid valve 
drives its spool using a larger solenoid to open the flow 
passage.  The solenoid valves have a complex 

construction to keep a seal while the spool is moving.  
This complex construction makes its miniaturization 
and the fabrication of a low cost valve more difficult.  
The purpose of our study is to develop a small-sized and 
lightweight control valve that can be safe enough to 
mount on the human body at a lower cost.  In our 
previous study, we proposed and tested a small-sized 
control valve that can be driven using a vibration 
motor[6]. In the valve, the orifice and the steel ball are 
inserted into a flexible tube.  The vibration motor is set 
on the outer side of the flexible tube.  When the 
vibration motor is driven, the tube is oscillated.  It, 
then, gives a horizontal direction force to the ball.  
Then the inner ball starts to move and rotate along to the 
inner wall of the tube.  When the vibration motor is 
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stopped, the steel ball automatically moves toward the 
orifice as in a check valve.  This method is more useful 
to supply a stable flow rate compared with other 
methods of opening the valve using vibration[7]-[9].  
We had also investigated the output flow characteristics 
of the tested valve.  In the next step for development of 
a wearable control valve, we should consider to develop 
a valve with lower electric power consumption.  In 
order to decrease the electric power consumption of the 
valve, it is useful to reduce electric power to keep the 
valve open or close.  Therefore we proposed and tested 
the valve with self-holding function that can hold the 
state of opening and closing with no electrical 
power[10].  In addition, if the valve can operate many 
flow lines, it can decrease even more the energy 
consumption per port.  So, we improved the valve with 
self-holding function so that it can operate many 
directions of flow line, such as a supply port or an 
exhaust port, at the same time[11].   

However, in the case to adjust the analog output flow 
rate of the tested valve, the tested valve must be driven 
by the PWM method.  In this case, the electric power 
consumption of the tested valve increases according to 
the driving time.  In addition, to decrease the electric 
power while the valve holds the inner pressure constant, 
it is better that the valve has a function of cutting off the 
output port without supply and exhaust.  Therefore, in 
this paper, we propose and test a digital servo valve 
with self-holding function to control the output flow 
rate from the valve and cut off the output port in order 
to control the pressure in the pneumatic actuator. 

FUNDAMENTAL CONCEPT

Figure 1 shows the fundamental concept of the 
proposed control valve.  The figure shows the model 
of the tested valve using the check valve which is 
composed of a steel ball and an orifice.  Figure 1 (a) 
and (b) illustrate the operational image of a typical 
electro magnetic on/off control valve and the proposed 
valve, respectively.  In both valves, the supply pressure 
is applied from the lower inlets as shown in Fig.1.  The 
steel ball is always applied by the upper force according 
to the differential pressure between the inlet and the 
outlet of the orifice and its sectional area.  To open the 
typical on/off valve as shown in Fig.1 (a), it needs a 
larger longitudinal pulling force that can overcome the 
pushing force of the ball generated by the supplied 
pressure.  Therefore, the typical electro-magnetic 
solenoid valve needs a relatively larger solenoid to open 
the valve surely, which prevents the miniaturization of 
the valve.  In addition, in order to pull the steel ball 
while keeping the seal between the inside and the 
outside of the valve, it needs some complex 
mechanisms which prohibit reducing the cost of the 
valve. In the proposed valve as shown in Fig.1 (b), to 
increase the opening of the valve, we apply horizontal 

force to the steel ball. Using this method, it becomes 
possible to open the valve using a smaller force.  When 
closing the valve, we stop applying the horizontal force 
and the inner steel ball automatically moves toward the 
orifice by the generated force of momentum of the flow, 
such as in a check valve. Then, the ball closes the 
orifice as in the stable condition of a check valve. 

(a) Concept of typical valve 

(b) Concept of proposed valve 

Figure 1  Fundamental concept of the tested valve 

(a)Model of the valve   (b) Theoretical force to open 
Figure 2 Theoretical model and calculated result to 

open the valve 

Figure 2 (a) shows the model of the proposed valve.  
The model shows a check valve that includes the steel 
boll with an outer diameter D and a narrow orifice with 
an inner diameter d.  The longitudinal force F to open 
the valve is equal to the generated force by the pressure 
calculated by multiplication of the differential pressure 
and the sectional area of the orifice.  In order to open 
the valve using the horizontal force f, the generated 
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torque using the horizontal force at the point of the 
fulcrum C as shown in Fig.2 (a) must overcome the 
torque calculated by the longitudinal force and radius of 
the orifice (d/2).  Therefore, the ratio of the force f to F 
to open the valve is given by the following equation. 

1

1
2

d
DF

f

Figure 2 (b) shows the relation between the ratio of the 
force f/F and the ratio of diameter D/d calculated by Eq. 
(1).  From Fig.2 (b), the required horizontal force f to 
open the valve is about 1/4 compared with the 
longitudinal force in the case using diameter D of 2 mm 
and diameter d of 0.5 mm.  This means that the 
proposed method is very effective to open the valve. 

CONTROL VALVE WITH SELF-HOLDING 

FUNCTION

Construction and operating principle

For such a valve mentioned above, the one that 
consumes electric power only when it changes states, 
such as opened or closed, might be ideal.  Therefore, 
we aimed to develop a valve using permanent magnetic 
force in order to open or close the valve.  Therefore, 
we proposed and developed a valve with self-holding 
function without any electric power in holding the state.   

(a) Schematic diagram of the tested valve 

(b) Photograph of the tested valve 

Figure 3  Construction of the valve with self-holding 
function 

Figure 3 (a) and (b) show the schematic diagram and a 
photograph of the tested valve, respectively. The valve 
consists of a flexible tube whose inner diameter is 2.5 
mm and outer diameter is 4 mm, a brass valve seat 
(orifice) with an inner diameter of 0.7 mm, a permanent 
magnetic ball with an outer diameter of 2 mm, a 
cylindrical permanent magnet with an outer diameter of 
5 mm and a length of 5 mm, a shin plastic cylinder 
(straw) with an inner diameter of 5 mm and two 
handmade solenoids.  The valve seat and the magnetic 
ball are inserted into the flexible tube in order to make a 
check valve.  Each handmade solenoid consists of a 
J-shaped iron center core with an outer diameter of 3 
mm and 250 turns of coil made of enameled wire with 
an outer diameter of 0.35 mm and the internal resistance 
of 1.2 ohms.  The end of each iron core has a shin 
rubber shock absorber with a thickness of about 1mm.  
The cylindrical magnet is inserted into the thin plastic 
cylinder so that the magnet can slide along the cylinder 
with a stroke of 14 mm. They are connected to both 
ends of the thin plastic cylinder and set on the outer side 
of the flexible tube by acrylic connectors.  The valve 
including the two solenoids has a length of 39 mm, a 
width of 11mm and a height of 18mm.  The mass of 
the tested valve is 12.7 g. 

Figure 4  Operating principle of the valve with 
self-holding function 

Figure 4 shows the operating principle of the tested 
valve. The operating principle of the valve is as follows:  
In the case of closing the valve as shown in Fig.4 (1), 
the iron core of solenoid A and the cylindrical 
permanent magnet are naturally attracted to each other.  
Then the magnetic ball makes the valve seat (orifice) 
closed by the generated force of momentum of the flow, 
as in a check valve.  In this condition, the valve holds 
the state of closing with no electrical input by the 
permanent magnetic force.  When the electric input is 
applied to the solenoid B for about 0.01 seconds as 
shown in Fig.4 (2), the magnetic repulsive force is 
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generated between the iron core and the cylindrical 
magnet.  Then, the cylindrical magnet moves toward 
the end of solenoid A, and they are attracted to each 
other by the permanent magnetic force as shown in 
Fig.4 (3).  In the condition as shown in Fig.4 (3), the 
cylindrical magnet also attracts the magnetic ball so as 
to move the vertical direction of the tube.  Then, the 
valve opens and holds it open state with no electrical 
input.  In the same manner of opening the valve, when 
the electrical input is applied temporarily to the opposite 
side solenoid A, the cylindrical magnet moves toward 
the iron core of solenoid B, and they are attracted to 
each other.  After the cylindrical magnet moves by the 
repulsive force as shown in Fig.4 (4), the magnetic ball 
automatically moves toward the center of the valve seat 
(orifice) by the generated force of momentum of the 
flow.  Using this method, the valve can hold both 
states of closing and opening with no electrical power.  
It means that the valve has an excellent characteristics 
of low energy consumption.  In addition, using the 
repulsive force instead of pulling force between the 
cylindrical magnet and the solenoids in order to slide 
the cylindrical magnet, the electrical power of the tested 
valve becomes lower.  It is caused by the fact that the 
magnetic force becomes larger in reverse proportion to 
the distance between both objects. 

Characteristics of the valve  

In order to confirm the performance of the tested valve, 
such as the lower electrical input for opening or closing, 
we investigated the dynamic response of the valve by 
alternately changing states.  Figure 5 shows the 
transient response of the input current of solenoid A and 
B, and output pressure of the valve, respectively.  In 
the experiment, the valve is connected to a chamber 
with volume of about 30 cc that has an exhaust port 
with a constant sectional area. 
The input current was calculated using the internal 
resistance of 1.2 ohms and the impulse input voltage of 
5 volts.  The electrical input voltage was applied for 
0.008 seconds to the solenoid only when the valve 
began to open or close.  Then, as a result of the 
experiment for static characteristics of the valve, the 
maximum output flow rate is 13.4 liters per minute for 
the supply pressure of 500 kPa.  The value is almost 
the same as the output flow rate of the small-sized 
commercially available on/off valve.  From the 
transient response of the output pressure in Fig.4, it can 
be seen that the valve can be held opened or closed after 
applying momentary electrical input.  We also find that 
the dead time for opening the valve is 0.021 seconds, 
the dead time for closing is 0.016 seconds.   The dead 
time of the valve is related to the moving speed of the 
cylindrical magnet.  The difference of the dead time 
between the cases of opening and closing is caused by 
the time the cylindrical magnet moves and reaches point 
of attracting or repulsion to the magnetic ball.  From 

the geometric arrangement between the magnetic ball 
and the cylindrical magnet as shown in Fig.4, it is easy 
to recognize that the time delay for closing is faster than 
that for opening.  From Fig.5, it can be also seen that 
the induced current in the non-operating side solenoid 
occurs when the opposite solenoid is driven. 

Figure 5  Transient response of input current and  
output pressure using the valve 
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Figure 6  Relation between duty ratio of PWM signal 
input and output pressure of the valve 

Figure 6 shows the relation between the duty ratio and 
the output pressure of the valve with self-holding 
function.  In the experiment, the valve is also 
connected with a chamber with a volume of about 30 cc 
that has an exhaust port with a constant sectional area.  
The period of input PWM signal is selected as 0.1 
seconds by considering the response time of the valve as 
shown in Fig. 5.  In the tested valve, the time for 
driving the current of each solenoid is 0.01 seconds 
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(10ms).  For example, the PWM signal with a duty 
ratio of 50 % is made as follows:  In the beginning of 
the PWM period, first, solenoid A is driven for 0.01 
seconds.  After that, both solenoid A and B are stopped 
to apply the input voltage for 0.04 seconds.  Next, 
solenoid B is driven for 0.01 seconds.  At last, both 
solenoids are stopped for 0.04 seconds. By repeating 
these operations, we can realize the PWM input signal 
for the tested valve with self-holding function.  The 
signal is created by using a micro-computer (Renesas 
Co. Ltd. H8/3664).  In the case of making the other 
duty ratio of the PWM signal, the stopping time of both 
solenoids is changed.  In other words, the electric 
power consumption does not change even if the duty 
ratio is changed in the same PWM period.  In addition, 
the longer the PWM period is used, the lower electric 
power consumption can be realized.  From Fig. 6, we 
can see that the output pressure of the valve is almost 
proportional to the duty ratio of PWM signal.  It means 
that the tested valve has relatively good dynamics, so 
much so that it can be used as a pressure control valve 
even if the valve has a self-holding function. 

DIGITAL SERVO VALVE WITH SELF-HOLDING 

FUNCTION

Construction of digital servo valve

In order to drive a control valve for a long time using a 
limited battery supply, the valve with the self-holding 
function mentioned above is one effective solution.  
However, in the case to adjust the analog output flow 
rate of the tested valve, the tested valve must be driven 
by the PWM method.  In this case, the electric power 
consumption of the tested valve can not be ignored 
according to the driving time.  In addition, in the case 
of controlling a wearable actuator such as a pneumatic 
artificial muscle, the pressure control valves that can 
hold constant pressure in the actuator are required.  To 
decrease the electric power while the valve holds the 
inner pressure constant, it is better that the valve has a 
function of cutting off the output port without supply 
and exhaust.  Therefore, we aim to develop a digital 
servo control valve with self-holding function that can 
consume less electric power to adjust the output flow 
rate and cut off the output port.  Figure 7 shows the 
construction of the digital servo valve that we proposed 
and tested.  The valve consists of a servo motor 
(Kondo Co. Ltd., KRS-2352 ICS, speed: 0.14s/60deg.), 
a disk with two cylindrical magnets and six check 
valves that each consists of an orifice in the flexible 
tube with an inner diameter of 2.5 mm and a steel ball 
or a magnetic ball with outer diameter of 2mm.  The 
center of the disk is connected with the shaft of the 
motor.  The eight check valves are set on parallel to the 
surface of the disk.  The rotational angle of the disk is 
easily controlled by a micro-computer (Renesas Co. 
Ltd., H8/3664) with PWM timer function.  The mass 

of the tested valve is about 80 g, and the valve has a 
length of 41 mm, a width of 55 mm and a height of 61 
mm. 

Figure 7  Schematic diagram and view of the digital 
servo valve with self-holding function 

Figure 8  Schematic diagram and location of the 
elements in the digital servo valve with self-holding 

function 

Figure 8 shows the schematic diagram and the location 
of the elements in the digital servo valve with 
self-holding function.  The two cylindrical magnets are 
located at the point of the center angle of 120 degrees 
and radius of 12 mm from the center of the disk.  In 
the neutral position, each cylindrical magnet is 
positioned at an angle of 60 degrees to the longitudinal 
direction of the check valve.  The three check valves 
are used as exhaust ports.  The other three check 
valves are used as supply ports.  The tube end of all 
check valves are connected to each other as an output 
port.  The other three ends of the check valves for 
supply ports are connected with a tank with a high 
pressure of 500 kPa.  The others are not connected to 
anything.  So, the direction of natural flow of the 
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check valves between the supply ports and exhaust ports 
are reversed.  In both supply and exhaust ports, the 
steel balls or the magnetic balls in the check valves are 
set at specific angle on the orbit so that the cylindrical 
magnet can move as shown in Fig.8.  Each center 
angle from the cylindrical magnet at the neutral position 
to the ball is 27, 75 and 97 degrees, and each inner 
diameter of the orifices is 0.4, 0.6 and 0.8 mm, 
respectively.  The value of the inner diameter in each 
orifice is selected so that the flow rate through the 
orifice becomes about two or three times as large as the 
lowest flow rate through the narrowest orifice in the 
valve.  Each location of the balls is selected so as not 
to be attracted to the other balls by the cylindrical 
magnet while the only one is attracted.  It means that 
the cylindrical magnet can attract each ball 
independently.  In the case of the check valve with the 
inner diameter of 0.8 mm, the magnetic ball is used 
instead of the steel ball, because a larger magnetic force 
is required to open the check valve. 

Operating principle of digital servo valve  

Figure 9 shows the operating principle of the tested 
digital servo valve.  The valve has seven states.  One 
is the neutral state in which the valve can close the 
output port without supply and exhaust as shown in 
Fig.9 (a).  The others are three exhaust stages as shown 
in Fig.9 (b) to (d) and three supply stages as shown in 
Fig.9 (e) to (g).  Each figure in Fig.9 shows the 
location of two cylindrical magnets in the disk for each 
state of the valve, respectively.  The operating 
principle of the valve is as follows.  First, two 
cylindrical magnets stay at the neutral position as shown 
in Fig.9 (a).  To increase the output flow rate from the 
servo valve, the servo motor rotates the disk from the 
neutral position to 27 degrees clockwise.  The lower 
cylindrical magnet attracts the ball in the check valve.  
Then, the check valve (S1) as shown in Fig.12 (e) opens.  
By rotating the disk an additional 38 degrees (75 
degrees from the neutral position) clockwise using the 
servo motor, the check valve (S2) as shown in Fig.12 (f) 
opens.  At the same time, the ball in the check valve 
(S1) loses the attracting magnetic force.  Then, the ball 
automatically moves toward the orifice by the 
momentum of the flow and closes the check valve (S1) 
as shown in Fig.9 (f).  Then, the larger flow rate at the 
output port can be obtained according to the sectional 
area change from S1 to S2.  In the same manner of 
increasing the output flow rate from the valve, the 
output flow rate can be decreased by rotating the disk 
counterclockwise.   In the case of exhaust, the upper 
cylindrical magnet as shown in Fig.8 is used.  The 
other cylindrical magnet does not act as shown in Fig. 9.  
The tested digital servo valve can realize seven states 
that include holding the pressure and three types of 
output flow rate in both conditions of supply and 
exhaust.  In addition, while the disk rotates between 

two balls gives the overlap function to the valve.  It 
means that this time delay prevents opening two check 
valves at the same time.  The geometric configuration 
of check valves with various sizes of orifices as shown 
in Fig.8 introduces the proportional stepwise change of 
the output flow rate according to the rotational angle of 
the disk in both supply and exhaust.  The neutral 
position is used to hold the pressure in the output port 
constant by cutting off both the supply and exhaust 
ports.  The position of the cylindrical magnets can be 
held at a specific position without electrical input by 
turning off both the electrical supply voltage and the 
duty signal to the servo motor at the same time.  It 
means that the tested valve can control the flow rate of 
both supply and exhaust in digital control with lower 
energy consumption. 

(a) Neutral position with no supply and exhaust 

(b)Exhaust position 1(E1)   (e)Supply position 1(S1) 

(c)Exhaust position 2(E2)   (f) Supply position 2(S2) 

(d)Exhaust position 3(E3)   (g) Supply position 3(S3) 

Figure 9  Schematic diagram and view of the digital 
servo valve with self-holding function 

Characteristics of digital servo valve 

Figure 10 shows the relation between the output flow 
rate from the valve and the valve state.  In Fig.10, each 
character E1,E2 or E3 refers to the active check valves 
as shown in Fig.9.  In the experiment, the output flow 
rate was measured by a digital flow meter (SMC Co. 
Ltd., PF2A750-01-27).  In the measurement of the 
supply flow rate, the supply pressure of 500 kPa is 
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applied at the supply port in the condition that the 
output port is not connected with anything, that is, to 
use the output port as an exhaust port.  The flow rate 
from the output port to the atmosphere is measured by 
the digital flow meter.  In the case of measuring the 
flow rate for exhaust, the output port is pressurized to 
500 kPa in the condition that the supply ports cut off the 
output port of the valve.  From Fig.10, it can be seen 
that the relation between the output flow rate from the 
valve and the valve state is proportional in both cases of 
supply and exhaust states. 

Figure 10  Relation between the valve states and 
output flow rate from the tested valve 
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Figure 11  Transient response of the output pressure in 
the output port of the valve for stepwise change of the 

valve states 

 Figure 11 shows the transient response of the output 
pressure in the output port of the valve for stepwise 
valve state change, that is, a stepwise angular change of 
the disk.  In the experiment, the output port is released 
to the atmosphere through the orifice with the inner 
diameter of 0.7 mm.  The pressure in the output port 
was measured by a pressure sensor (Keyence Co. Ltd., 
AP-33).  The valve state was changed according to the 
order of the neutral position, S1, S2, S3, S2, S1 and the 
neutral position every 1 second.  From the pressure 
change in Fig.11, we can confirm that the tested valve 
can control the output flow rate according to the valve 
state.  It can be also seen that the valve can adjust the 
flow rate in both cases of increasing and decreasing the 

output flow rate smoothly.  The time delay of the valve 
for stepwise change is from 0.063 to 0.083 seconds.  
These values depend on the rotational speed of the servo 
motor and the distance between the two check valves.  
Therefore, it is possible to improve the dynamics of the 
valve by changing the geometric configuration of the 
check valves and using a high speed servo motor. 

CONCLUSIONS

This study, aimed at improving the performance of the 
small-sized wearable control valve that can be operated 
with lower energy consumption, can be summarized as 
follows. 
1)  We proposed and tested the digital servo valve with 

self-holding function using a servo motor, a disk with 
two cylindrical magnets and check valves with steel 
balls or magnetic balls.  The operating principle of 
the digital servo valve was introduced.  The simple 
control system of the valve using a micro-computer 
was produced. 

2)  We investigated the performance of the digital 
servo valve.  As a result, we can confirm that the 
tested valve can change the output flow rate in seven 
stages that they include holding the pressure and 
three types of output flow rate in both conditions of 
supply and exhaust.   

3)   As for the dynamics of the digital servo valve, it 
can be also seen that the valve can adjust the flow 
rate in both cases of increasing and decreasing the 
output flow rate smoothly.  The time delay of the 
valve for stepwise change is from 0.063 to 0.083 
seconds. 
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REPEATED POSITIONING OF A PNEUMATIC RODLESS 
CYLINDER USING PROXIMITY SWITCHES
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ABSTRACT

Applications requiring accurate position control of cylinders are in increasing use in industry. High speed, reliability 
and significantly low cost of the pneumatic cylinder are the characteristics more often required to all components in the 
automation field. In this research, a technique of repeated positioning of a pneumatic rodless cylinder is evaluated 
through experiment and simulation. The basic control algorism is a sequential on-off action of the air valves. In this 
scheme, deviation of stop position can be reduced by braking at a certain velocity which can affect the positioning 
performance. It has been experimentally suggested that there is an optimal velocity when the braking should be started 
to apply. The aim of this paper is to validate through numerical simulation that the optimal velocity exists and it is 
strongly related to the frictional fluctuation and the braking characteristics.

KEY WORDS

Pneumatics, Rodless cylinder, Positioning, Braking, Proximity switch 

INTRODUCTION

This paper deals with a technique of repeated 
positioning of a long stroke pneumatic cylinder. This 
system is suitable for a long stroke cylinder when the 
desired intermediate stop positions are fixed and the 
same operation may be repeated as in automatic 
production lines.
The design of an air servo system is not intended. 
Without constructing a feedback loop, it is possible to 
maintain the simplicity of the air positioning system.
The basic control algorism is a sequential on-off action 
of directional air valves. There is a fact that a clear 
relationship exists between the slider velocity and its 
braking distance with a strong braking [1]. For one 
desired position, three proximity switches are installed 

to detect the slider passing as well as its velocity. After 
passing the first switch the slider is weakly decelerated, 
and after passing the second switch it is strongly 
decelerated. The third switch is installed to detect the 
final positioning result which is used in the next run by 
a learning scheme. Another switch is also installed to 
confirm the slider return to the starting point.
As a matter of course, the positioning accuracy depends 
strongly on the frictional condition [2-5]. There is 
another factor such as the load or the setting direction of 
the cylinder. In the experiment, the cylinder was set in 
horizontal direction on a table in the laboratory.
A high positioning accuracy cannot be expected without 
a feedback loop. Our final goal is that the stop positions 
converges to the desired region in several operations 
and maintain the accuracy in each time of operations.
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Figure 1 Experimental circuit

Figure 2 Optimal velocity for 
starting strong braking

EXPERIMENTAL SETUP

The outline of experimental apparatus is shown in Fig. 1. 
The cylinder is installed horizontally on a table in the 
laboratory. The cylinder is of a rodless band type and 
has a stroke of 2000mm in length and a bore of 25mm
in diameter. Four proximity switches are installed. SW1, 
SW2, SW3 are used for motion control, and SW0 is 
used only for detecting the return of the slider to the 
starting point. A potentiometer with length of 50(mm) is 
installed near the SW2 and SW3. Therefore, the 
potentiometer output can only be recorded when the 
slider approaches near SW2.
Optimal velocity 

In our research, deviation of stop position can be 
reduced by braking at a certain velocity which can 
affect the positioning performance. It is experimentally
proven that there is an optimal velocity when the

Figure 3 Sequence of two-stage
braking method

Figure 4 Frictional Force

braking should be started to apply. In our cylinder 
system, deviation width of stop position becomes much 
smaller if the strong braking started at slider velocity of 
500(mm/s) as shown in Fig.2. One plot indicates 
deviation width of stop position for 30 times of 
operation. Thus, a method of braking is suggested in 
this research to make the slider stop by braking at about 
500(mm/s) in order to obtain better positioning accuracy 
in each time of operations.
Sequence of two-stage braking method

For the cylinder positioning, we propose a two-stage 
braking method as shown in Fig.3. In this method, a 
weak braking and a strong braking are applied in 
sequence. At the first stage, a weak braking is applied, 
and a strong braking is applied in the second stage. To 
apply the weak braking, the valve I is kept on 
connecting to supply port and only the valve II is closed. 
To apply the strong braking, the valve I is still kept on 
connecting to the supply port and the valve II is 
switched to the supply port. In order to obtain slider’s 
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velocity of 500(mm/s) at the time it passes through SW2, 
timer T1 is used to adjust the timing for the weak 
breaking. The purpose of Timer T2 is for fine 
adjustment before applying the strong braking. To 
perform this sequence smoothly, two 3-position 5-port 
valves are utilized for keeping the air flows as desired.
Valve operations are controlled by a micro-computer.

Figure 5 Static forces in different
            time intervals

Figure 6 Air pressure changes in chambers

Frictional condition

In general, the friction force depends on the velocity 
due to the surface mechanics and the lubricants between 
the two surfaces. Fig.4 shows a result of an experiment 
performed to measure the friction force as the slider 
moving in varying velocity. The force was measured by 
the set air pressure that will be pushing against the 
piston multiplied by the contact area of the piston. It 
shows that the friction force may decrease continuously 
from the static friction level to Coulomb friction level. 
Afterward, the force increase with increased sliding 
velocity due to viscous friction. Measured maximum 
static force F0, Coulomb force F1, and viscous force 
were 37(N), 18(N) and 10(Ns/m), respectively.
Fig.5 shows friction force required to move the cylinder 

under different time intervals in 20 times of operations.
The friction force was measured experimentally as same 
as stated above. This indicates that with a time interval
in between operation there is a range of friction force 
due to the different lubrication conditions between the 
sliding surfaces. Repeated positioning experiments were
conducted with less than 5 second gap between two 
operations. The aim for static force measurements is to 
find the possibility of friction fluctuation during 
operation.

NOMENCLATURE

p : Pressure [Pa]
y : Displacement of the slider [m]
y10: Equivalent length of upstream at starting point [m]
R : Gas constant [J/(kg·K)]
M : Mass of the slider [kg] 
V : Volume of chamber [m3]
T : Temperature [K]

: Atmospheric temperature [K]
A : Area of piston [m2]

: Isometric specific heat [J/(kg·K)]
G : Mass flow rate [kg/s]
h : Heat transfer coefficient [W/(m2·K)]

: Adiabatic index 
: Density [kg/m3]

B : Viscous resistance coefficient[Ns/m]  
: Heat flow [W]     
: Heat transfer area [m2]

s : effective sectional area of flow passage [m2]
      : Friction force [N]

PLANT MODEL

In order to model an approximate dynamics of the 
pneumatic cylinder, the aerodynamic and 
thermodynamic analysis of the system is presented. The 
relationship among the mass flow rate of air, the change 
of pressure, the temperature and the volume in chamber 
can be found as below. The equations shown below are 
only for upstream chamber.

dt
dy

yy
p

dt
dT

T
pG

V
RT

dt
dp
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11

1

1
1

1
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1
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where 1 and 2 are subscripts denoting the upstream and 
downstream chambers. Heat transfer equation can be 
formulated as 

111 TThSQ ah (3)
The equation of motion for the system can be
represented as follows,
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ppAyD
dt
dyB

dt
ydM (4)

Further, pd, pu denote the downstream and upstream 
pressure respectively.
If 1/528.0 ud pp

                           (5)   

If 528.0/0 ud pp

                                     (6)

In this friction model,
.
yD is a function where

1

0
.

F
F

yD (7)

if 0
.
y . For 2000

.
y (mm/s),

.
yD decreases

from F0 to F1 in a straight line.

EXPERIMENTAL RESULT AND NUMERICAL 

SIMULATION

The main objectives of the simulation are to validate the 
existence of optimal velocity and to know whether the 
characteristic is also common in pneumatic cylinder 
systems. Fig.6 indicates an example of the experimental 
result and numerical simulation of pressure in the 
downstream and upstream chamber. From the starting 
point at SW0, pressure in the upstream chamber, p1
increases continuously until it overcomes the maximum 
static friction. The slider starts moving and it 
decelerated when passing through SW1. The strong 
braking applied at SW2 and the slider stops at SW3.
Since friction has a very strong influence on the 
performance and behavior of mechanical systems, 
prediction of friction phenomena are important in all 
simulations and analyses. Most sliding contacts are 
lubricated during operation. The friction force will then 
vary with the sliding velocity depending on the extent to 
which the interacting contact surfaces are running under 
boundary, mixed, or full film lubrication [6].
The behaviors of friction models during the strong 
breaking are presented in Fig. 7. For the operation at
zero fluctuation of friction along the stroke with 
F0=37(N) and F1=18(N), the stop position is taken as a
reference point. When friction fluctuates the deviation 
width of stop position is defined as a distance from the 
reference point. Fig.7(a) shows deviation width for 
varying velocity when F1 is decreased 3%. The braking 
distance of stop position increases as the strong braking 
applied at higher velocity, which results deviation width 
becomes wider.

For 7(b), a large fluctuation is considered to occur as the 
velocity is decreased, where the condition of static 
friction force estimated to decrease up to 50%. Fig.5 is a 
factor to be taken into consideration of decreasing 

Figure 7 Deviation width of stop position (simulation)

Figure 8 Force in opposite direction, A(p2-p1)
(simulation)

Figure 9 Force required to stop slider after strong
          braking applied (simulation)
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Figure 10 Sudden backward movement of slider

Figure 11 After tube length adjusted

percentage. Opposite to 7(a), as the sliding velocity 
becomes slower, the deviation width becomes larger. 
The reason that the deviation width becomes smaller on 
strong braking at higher velocity is difficult to be 
explained with only Fig.7, because the sliding velocity 
certainly will drop to low velocity before stopping.
Fig.8 indicates the simulated value of the opposite force, 
A(p2-p1)  during the sliding. It takes more than 60(N) 
to overcome the maximum static force. The opposite 
force is becomes higher as the slider moving due to the 
increased p2. After about one second, the force increases
rapidly, which is the time when the strong braking is 
applied. After that, p2 increases rapidly than p1 and the 
pressure difference between both chambers becomes
smaller.
Fig.9 shows the re-arranged opposite force shown in 
Fig.8 from the moment the strong braking applied at 
SW2 for varying velocity. At that time, the braking 
force is not sufficient to stop the slider immediately. It 
takes time for the pressure difference to be increased to 
the level of strong braking. This may be the reason that 
the stop positions fluctuate in the low velocity region.

Figure 12 Simulation when SW2 set at 1760(mm)

To validate the statement, another simulation is 
conducted by increasing 5N of braking force 
immediately at SW2 for varying velocity. The result is 
shown in Fig.7(c). Deviation widths for any velocity 
when the constant strong braking applied are almost the 
same and small. It can be concluded that there are two 
reasons for the wide deviation width in the low velocity 
region. The first is that the friction force fluctuates in 
wide range and the second is that it takes time for the 
braking force to be increased.
Sudden backward movement of slider 

Although the cylinder is 2000(mm) of length, the stop 
position is not able to be fixed on all any desired 
position. In the experiment, SW2 cannot be located on 
more than 1.3(m) position. Fig. 10 shows the air 
pressures for chambers, SW2 signal, and the slider 
displacement when SW2 was located at 1760(mm). 
Fig.10 shows p2 increases rapidly compared to p1 right 
after the slider passed through SW2. In a moment, p2
becomes higher than p1 and the slider made a stop 
afterward. The pressure difference becomes bigger than 
the friction force at that moment, which results in 
pushing the slider backward.
It is assumed that the occurrence of this phenomenon is 
because of the unbalance pressure between both 
chambers when the strong braking applied. To tackle the 
problem in easiest way, the tube lengths of both sides 
are adjusted. The tube length adjustment results in not 
only the change of tube resistance but also the change of 
chamber volume. The length adjustments for upstream 
and downstream before and after the adjustment are
4.4(m) 1.8(m) 1.75(m) 10.5(m) respectively. The 
result after adjustment has been made is shown in 
Fig.11. The problem of backward movement of the 
slider was solved because the pressure difference after 
the slider made a stop was less than the fiction force.
The phenomenon was also simulated and the result is 

p1 p2
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Figure 13 Optimum velocity to start
applying the strong braking

Figure 14 Convergence of the stop position

shown in Fig.12. p2 increases rapidly after strong 
braking applied as same as in Fig.10. It also indicates 
the slider has been pushed backward as like in the 
experiment.
Repeated positioning of pneumatic cylinder

Before the tube length adjustment, the slider was unable 
to stop at position of more than 1.3(m) due to rapid 
increase in p2. With adjustment made, an optimal 
velocity for strong braking at SW2=1760(mm) can be 
found and it is shown in Fig.13. The optimal velocity is 
also about 500(mm/s), however, the deviation width of 
stop positions become small due to the increased strong 
braking. It can also be concluded if the stop position 
was set near the stroke end, to increase the tube 
resistance might be one of the solutions. Fig. 14 shows 
that stop position converged after about 5 times of 
operation within about +/-0.2mm of accuracy. 
Information of the stop position in each time of 
operations will be detected by SW3.The obtained 
information will be used for fine adjustment of the timer 
T2 in the next operation to maintain the convergence.

CONCLUSIONS

From the above experimental results and simulation 
analysis, the following conclusions can be drawn:
1) Friction has a strong influence on both the behavior 
and performance of a system. This paper presents the 
relevance of friction condition and the positioning 
accuracy by experiments and numerical simulations.
Simulation shows that the optimal velocity to start 
strong braking exists because the friction fluctuates 
largely and the braking force requires time to increase.
2) Sudden backward movement of slider occurs on the 
condition when the pressure differences in upstream and 
downstream chambers overcome the friction force after 
slider made a stop. However, this can be prevented by 
adjusting the tube length, which affects the volume in 
both sides and resistance for air to flow through.
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ABSTRACT

This paper describes an experimental study on industrial coalescing filters to drain oil from compressed air. An 
appropriate test bench has beeen developed to reproduce several operating conditions of a compressed air distribution 
system and able to measure the efficiency of commercial and non-commercial coalescing filters. Tests have been 
conducted on filter cartridges of different type and grade, in particular are shown some results relative to three cellulose 
cartridges, one commercial and two experimental protoypes.

KEY WORDS
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INTRODUCTION

Filters are used to remove the impurities from a gas or 
liquid, thus achieving a variety of advantages. In 
industrial installations, filters maintain system and 
component cleanliness, optimizing operating efficiency 
and ensuring that the work environment is free from 
contaminants that could pose a hazard to health. In 
industrial pneumatic systems, the air is filtered and 
dehumidified prior to use. Depending on the type of 
application, this is accomplished by means of particulate 
filters of appropriate grade, normally with a porosity 
between 50 and 5 micrometers, which can retain 
contaminants of varying size and traces of rust forming 
in the system. As the compressor is normally lubricated, 
the compressed air also contains a certain amount of oil 

in the form of aerosol and vapor. Most of this oil is in 
aerosol form, and can reach concentrations by weight 
ranging from hundreds to thousands of PPM in the air, 

parts. Particle size can range from a few micrometers to 
hundreds of micrometers after the oil has gone through 
successive heating and condensation cycles. Oil aerosol 
can be separated by means of coalescing filters, while oil 
in vapor form can be separated using activated carbon 
filters. In the following only coalescing filters are 
examined.

COALESCING FILTERS

A schematic view of a coalescing filter for pneumatic 
systems is shown in Figure 1. The filter element is an 
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annular cartridge made up of a matrix of fibers 
embedded in a binder featuring a certain porosity. Air 
flows through the cartridge, moving from the interior 
outwards, and the oil droplets intercepted by the fibers 
coalesce together and are pushed to the outer surface of 
the filter, where they fall by gravity into the collection 
chamber at the bottom of the filter (Figure 2). 

Figure 1 Schematic view of a coalescing filter

A variety of phenomena may be involved in capturing 
droplets, depending on the la -2].
In general, particles over 1 m in size are more readily 
intercepted by the fibers, while the smaller particles, 
traveling in random directions, are less likely to be 
captured. The ability to hold the intercepted liquid also

hence on the nature of the fiber material as compared to 
the liquid to be collected.

Figure 2 Coalescence process

Currently, the materials that are most commonly used for 

the fibers in coalescence filtration are borosilicate glass 
and cellulose. Several theoretical and experimental 
studies are conducted on the types of filter media
employed.
Borosilicate filter media consist of thin glass fibers with 
controlled dimensions in a high-porosity resin binder that 
ensures adequate structural stiffness [3-4]. They may 
feature inner and outer layers performing prefiltration 
and drainage functions, and normally consisting of 
synthetic fibers. Depending on the required filtration 
grade, cartridges are available with varying average fiber 
diameters, generally between 5 and 30 microns [5-6] .
Cellulose filter media are widely employed in HEPA 
filters (High Efficiency Particulate Air filters) to remove 
solid particles [7-9]. They are also used in coalescent 
filters to remove oil in industrial compressed air lines. 
In coalescent filters cellulose cartridges consist of
several layers of special paper rolled in metallic mesh for 
stiffening purposes and adhesive bonded to two end 
plates [4], the upper one is provided of the inlet hole for 
the air flow passage. The first and last layers are more 
porous in order to retain or drain the largest droplets, 
while the intermediate layer performs the filtration 
function per se. Compared to glass fiber filters, they are 
less porous and thus are more efficient at separating 
small fibers, but also offer greater resistance to the 
passage of air. In some cases, the paper is pleated to 
increase the surface area exposed to the passage of air. 
Paper is produced in different filter grades, and may be 
coated with appropriate resins to improve absorbency. To 
improve the draining effect, an appropriate coating of 
open cell polyurethane foam on the exterior of the metal 
mesh is normally used. In fact oleophilic properties of 
some type of polyurethane foams make them particularly 
able to absorb and drain the oil droplets [10-12].
With the development of the nanotechnologies both on 
the borosilicate and cellulose fibers can be added 
polymeric nano fibers to improve the filtering action 
[13-14].
The efficiency E of a coalescing filter is measured as the 
ratio of the quantity of liquid separated and the quantity 
of liquid entering the filter over a certain time period: 
E=(min-mout)/ min where min and mout are the masses of 
the oil at filter inlet and outlet [15]. Defining penetration 
P as the ratio of the mass at filter outlet to the mass at 
filter input per unit of time, we have E = 1-P.
Efficiency depends both on the material of the fibers in 
relation to the liquid to be filtered, and on fiber size and 
concentration. Pressure drop across the filter depends on 
the resistance introduced by the cartridge and thus on the 

concentration, or Packing Fraction (ratio of the 
volume of fibers to the volume of the cartridge). In turn, 
this parameter influences filter efficiency; consequently, 
it is useful to define the parameter QF, or Quality Factor 
[15], as the ratio of the logarithm of penetration to 
pressure drop: QF = - ln(P) / p . This formulation 
expresses filter efficiency as a function of the pressure 
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drop introduced by the filter.

TESTS TO DETERMINE FILTER EFFICIENCY

A frequently used test for measuring filter efficiency is 
the DOP method, which takes its name from the liquid 
used for the test: dioctyl phthalate, an oil with high 
boiling point and thermal stability [5]. The liquid is 
nebulized and mixed with hot air, and the vapor thus 
formed is then condensed using controlled amounts of 
cold air to produce a DOP aerosol in the desired 
concentration, normally 67 PPM by weight, with 
droplets whose size is controllable in a range of 0.04 to 
0.7 microns (and normally 0.3 to 0.6 microns) passing 
through the filter under test. The velocity of the air 
crossing the filter is very low. Aerosol concentrations 
upstream and downstream of the filter are measured 
using a forward light scattering photometer. These 
measurements are used to determine the quantity of 
aerosol captured and hence filter efficiency, as a function 
of aerosol particle diameter. Other instruments employed 
to measure aerosol concentration include photoionization 
and infrared detectors.
This test requires sophisticated instrumentation capable 
both of generating oil aerosols in which particle size and 
concentration can be regulated, and of measuring the 
quantity of aerosol separated by the filter with a high 
degree of accuracy, particularly with minimal liquid 
concentrations. However, it is also useful to investigate 
the behavior of filters in industrial pneumatic systems, 
where air velocity may be very far from that required for 
the DOP test, and oil aerosol is present in concentrations 
that are not negligible and with a wide range of particle 
sizes (from a few units up to several tens of m), 
depending on the complex phenomena whereby the 
particles coalesce along the circuit.
For example in [16] is studied the coalescing efficiency 
and pressure drop of some cellulose media for industrial 
filtering application. The study shows the effects of the 
speed of the airflow and concentration of oil whose 
values differ from those provided by the DOP method.
Often the tests are conducted on samples of shapes and 
sizes other than those provided on the real filtering 
systems avoiding to consider the effects related to the 
geometry of the housing of the depurator.

Actually, the filtration efficiency depends also on the size 
of the ducts inside the filter and of the cup of oil 
collection, as well as the shape of the inlet port of the 
cartridge.
In this work efficiency and drop pressure measurements 
on several coalescing filters were performed, simulating 
actual service in an industrial pneumatic system under 
different operating conditions. Tests were conducted 
using commercial and prototype interchangeable 
cartridges in commercial filter housings.

TEST BENCH DESCRIPTION 

For the purpose, a test bench based partially on previous 
works was set up [17] [18]. As shown schematically in 
Figure 3, the test bench consists of a filter-pressure 
regulator (1), a lubrifier (2), flexible tubing (3) of 
appropriate length (5 meters) and inside diameter (6 mm) 
to simulate the resistance of a user circuit, the filter 
un
and the discharge filter (6). A flowmeter (7) is installed 
upstream of the lubricator to measure air flow rate. Two 
pressure gauges (8) are provided on flow regularizing 
tubes (9) to measure pressure pU upstream and pressure 
pD downstream of the filter under test. By means of the 
pressure regulator and discharge resistance, flow rate and 
pressure pU are established in accordance with the 
operating conditions to be simulated. The test method 
entails introducing a defined quantity of oil into the fluid 
current by means of the lubricator. At predetermined 
operating intervals, both the lubricator and the filter are 
weighed, thus determining operating efficiency. The 
length of flexible tubing is also weighed to take oil 
circuit filling or emptying during transients into account. 
To minimize weight measurement errors, operating 
intervals are selected in accordance with the accuracy of 
the precision balance. Different oil concentrations can be 
established, normally between 1 and 0.1 g/m3 A.N.R., in 
relation to the selected air flow rate and pressure pU. To 
obtain lower oil concentrations, a small-displacement 
volumetric metering system controlled by a pneumatic 
solenoid valve and a PLC can be used instead of the 
lubricator. In this way, oil concentrations between 0.05 
and 0.1 g/m3 A.N.R. can be achieved. 

Figure 3  Coalescing filter test bench
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Air flow rate can be regulated to guarantee a certain 
average velocity across the filter under test and a certain 
relative pressure pU. Filter efficiency can thus be 
compared for any given average air velocity.

MEASURED EFFICIENCIES

Tests were conducted to evaluate the efficiency of one 
commercial cartridge (specimen 1) and two prototype 
cartridges (specimens 2 and 3) made with commercial 
filtering paper. Commercial cartridge 1 (fig. 4 left) has 
nominal filtration efficiency equal to 95% for diameter 
particles equal or greater to 0.01 µm. It consists of three 
cylindrical layers of paper of different porosity 
impregnated with phenolic resin and two cylindrical 

(fig 4 right). Metal guards have internal and external 
diameters equal to 15 mm and 23 mm, length equal to 35 
mm. The actual air passage section is equal about to
1270 mm2. Externally, the cartridge is provided with a
drainage foam whose pores measure 250 µm on average. 
In Figure 5 is shown an enlargement under the 
microscope of the outer layer. Cartridge 1 is mounted in 
a commercial housing filter, ports G , by means of a 
thread hole made in the lower end plate.
The commercial papers used for prototypes 2 and 3 have 
nominal filtration grads equal respectively to 1 µm and 
10 µm corresponding with DOP efficiencies (0.05 m/s 
flow velocity, particle size 0.3 µm) equal to 99% and
72% (single layer).
Specimens 2 and 3 feature a single layer of paper with no 
resin treatment. Aspect and dimensions of specimens 2 
and 3 are identical and were selected in order to obtain
an air passage section similar to that of specimen 1.

Figure 4 Specimen 1 (left), without upper end plate and 
drainage foam (right).

Also for the specimens 2, 3 the paper is wound several 
times and enclosed within two cylindrical perforated 
metal reinforcing guards. For both the specimens the 

internal and external diameters of the guards are equal to 
7 mm and 20 mm, the length is equal to 65 mm.
Cartridges 2, 3 are mounted in a housing filter with ports
G by means of M20 thread on the upper end plate.
One of the two tested specimens is depicted in Figure 6.
For specimens 2 and 3, several types of foam with 
porosity and thicknesses similar to those of specimen 1 
were tested. A commercial polyurethane foam was 
selected to reproduce similar oleophilic properties of the 
foam of the specimen 1. The selected foam is made in
polyester
the mean dimension of the cells is about equal to 300 µm
(number of pore: 75 PPI).
Figure 7 shows enlargements of the open cell structure of 
the polyurethane foam on specimen 1 and selected for 
specimens 2 and 3 respectively. 
All tests were carried out with an air velocity across the 
filter v = 0.4 m/s and pressure pU = 4 bar gauge. Air flow 
rate imposed was 170 l/min A.N.R. for specimen 1 and 
150 l/min A.N.R. for specimens 2 and 3, according to the 
actual air passage section. Average oil concentration was 
0.6 g/m3 A.N.R., while the kinematic viscosity of the oil 
used was 22 cSt at 40°C. 
On all specimens, starting from the new cartridge, 
efficiency measurements were repeated more times in 
order to obtain results with sufficient accuracy. Effective 
values were the average of all the efficiencies measured 
at the end of each operating interval. Measurements were 
carried out both with and without foam.

Figure 5 Enlarged view of the treated outer layer on    
specimen 1.
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Figure 6 Specimen 2 , with and without drainage foam
(specimen 3 has same geometry).

Figure 7 Enlarged view of the foam used for specimen 
1 (left) and for specimens 2 and 3 (right).

The graph in Figure 8 shows efficiency versus time for 
different examined cases.
Specimen 1 was found to have excellent efficiency even 
without the outer foam, thanks to the special resin
treatment used for the paper. The values obtained for 
specimens 2 and 3 without foam are lower than those for 
specimen 1 and show a certain instability, probably 
because the untreated paper fibers have difficulty in 
retaining the captured oil droplets. The lowest recorded 
efficiency values are those obtained for the smallest 
untreated paper fibers (specimen 2). However, it was 
found that the use of suitable foam, appropriately 
combined with papers of a certain filter grade (though 
not necessarily treated) significantly improves results. 
As can be seen from the graph, the selected foam 
material, because of its ability to hold liquid, provided 
specimen 3 with efficiency values that were much more 
stable and close to those of specimen 1. Good results 
were also achieved with the specimen 2 that use the same 
type of foam. Measurements repeated more times
confirmed these performances.

Figure 8 Efficiency versus time in different cases.

Figure 9 Effective efficiency for tested specimens
(mean values).

Scatter in effective values obtained with foam did not 
exceed 5%. Effective efficiency values are shown in 
Figure 9 for all the examined cases, while Figure 10
shows pressure drops recorded at the beginning of the 
test for all specimens. All three cases exhibited the same 
operating efficiency, but a significant difference in 
pressure drop. 

CONCLUSIONS

A test bench for measuring the efficiency of coalescing 
filters was designed and constructed. The bench can 
simulate different operating conditions encountered in 
pneumatic systems, and test a variety of cartridge types. 
A test method was developed that can be used to 
compare results with different samples, considering the 
cartridge mounted in the actual housing filter.
To investigate the performance of cellulose filters, tests 
were conducted on three cartridges of this type with 
different filter papers, including one commercial 
cartridge and two prototypes constructed in the 
laboratory. 
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Figure 10 Pressure drop pU-pD at start of test.

Measurements indicated that both paper type and foam 
type have a significant influence on performance. An 
appropriate polyurethane foam ensure a distinct 
improvement in filter efficiency, and can also 
compensate for poor retention on the part of the filter 
paper. Further work can be carried out to investigate the 
effect of varying parameters such as air velocity, oil 
aerosol dimensions and operating time on filter 
efficiency. 
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ABSTRACT 

A wearable actuator needs to be flexible so as not to injure the human body. The purpose of our study is to develop a 
flexible and lightweight actuator which can be safe enough to be attached to the human body, and to apply it to a 
flexible mechanism and rehabilitation device. New types of flexible pneumatic actuator that can be used even if the 
actuator is deformed by external force have been developed in our previous studies. In this paper, we propose and test 
two kinds of flexible mechanisms using the novel flexible pneumatic cylinders. One is a flexible robot arm using three 
cylinders, and the other is a simple spherical actuator using two cylinders. The control systems using the tested 
quasi-servo valves and a micro-computer were also developed. As a result, both flexible mechanisms could be 
controlled well by the simple controller and the tested valves. 

KEY WORDS

Flexible mechanism, Flexible pneumatic cylinder, Attitude control, Quasi-servo valve 

INTRODUCTION

Recently, it has been desired strongly to develop a 
system to aid in nursing care [1][2] and to support the 
activities of daily life for the elderly and the disabled [3]. 
The actuators required for such a system need to be 
flexible so as not to injure the human body [4]. The 
purpose of this study is to develop a flexible and 
lightweight actuator and to apply it to a flexible robot 
arm, a rehabilitation device and so on. So far, new types 
of flexible pneumatic actuator that can be used even if 
the actuator is deformed by external forces have been 
proposed and tested in our previous studies [5]. Also, 
several kinds of rod-less type flexible pneumatic cylinder 

were tested, and the tested flexible pneumatic cylinder 
was utilized as a rotary actuator [6]. In this paper, we 
propose and test two kinds of flexible mechanisms using 
the novel flexible pneumatic cylinders. One is a flexible 
robot arm, and the other is a spherical actuator. The 
flexible robot arm with simple structure can realize a 
natural flowing movement by using the pneumatic 
cylinders. As a result of the experiment using the tested 
robot arm, it is confirmed that the tested robot arm can 
easily work for various directions, and shows a natural 
flowing movement without complex arrangement of 
actuators. Furthermore, a simple analytical model of the 
robot is proposed for attitude control. The effectiveness 
of the attitude control method by use of the proposed 
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analytical model and the quasi-servo valve that we had 
developed is confirmed. The novel spherical actuator 
using two flexible pneumatic cylinders has a simple 
structure. By driving two cylinders, the actuator can bend 
largely for every direction. The bending control system 
using a micro-computer and the quasi-servo valve is 
proposed and tested.

FLEXIBLE PNEUMATIC CYLINDER 

We have developed two types of novel rod-less type 
flexible pneumatic cylinder [6]. Figures 1 (a) and (b) 
show the constructions of the cylinder; (a) “Single type” 
and (b) “Double type”. Both types have the similar 
construction and the same operating principle. The 
difference of their properties is as follows. The single 
type has less frictional force, and the double type has 
higher flexibility. The single type cylinder consists of a 
flexible tube as a cylinder and gasket, one steel ball as a 
cylinder head and a slide stage that can slide along the 
outside of the tube. The steel ball is pinched by two pairs 
of brass rollers from both sides of the ball. The operating 
principle of the rod-less type flexible pneumatic cylinder 
is as follows. When the supply pressure is applied to one 
side of the cylinder, the inner steel ball is pushed. At the 
same time, the steel ball pushes the brass rollers and then 
the slide stage moves while it deforms the tube. We 
investigated the minimum driving pressure of the tested 
rod-less type flexible pneumatic cylinder using various 
center distance D (shown in Fig.1) and distance W 
between two pairs of rollers as a design parameter. From 
the experiments, we found that D of 14.4mm and W of 

Steel ball
(9 mm)

Brass roller
( mm)

Steel balls
( mm)

) Flexible tubeDuralumin plate(3mm

(a) Single type 

Steel balls
(9mm)

Brass roller
( mm)

Steel balls
( mm)

Duralumin plate(3mm) Flexible tube

(b) Double type 

Figure 1  Construction of rod-less type flexible 
pneumatic cylinder 

10mm were the best [6]. Table 1 shows the properties of 
the tested single type cylinder as a pneumatic cylinder 
compared with an ordinary pneumatic cylinder. The 
specifications of the cylinder such as a minimum radius 
of curvature of the cylinder, a maximum working 
pressure and an allowable working temperature depend 
on the properties of the soft polyurethane tube (SMC Co. 
Ltd., TUS 1208).  
The minimum driving pressure of the double type 
cylinder is 130kPa for the best distance D of 14.6mm. 
This is a little higher than that of the single type, because 
the frictional force becomes larger due to the increase of 
the contact area between inner two balls and the inner 
bore of the tube. 

Table 1  Properties of flexible pneumatic cylinder 

FLEXIBLE ROBOT ARM AND  

CONTROL SYSTEM 

Flexible Robot Arm 

Figure 2 shows a flexible robot arm using flexible 
cylinders for bending control. The robot arm consists of 
two ring-shaped stages and three single type flexible 
pneumatic cylinders with the slide stages. The outer 
diameter of the ring-shaped stage is 100mm, the initial  

Figure 2  Construction of flexible bending robot arm 

Min. driving pressure 120kPa
Generated force 16N(input:500kPa)

Max. moving speed > 1m/s
Weight (stroke of 1m) <  0.1kg

Min. radius of curvature about 30mm
Max. working pressure 600kPa
Working temperature From -20 to +60 deg.C

Movement Push-pull actions
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distance between the upper and lower ring-shaped stage 
is about 100mm. Each flexible pneumatic cylinder is 
arranged so that the central angle of two adjacent slide 
stages becomes 120 degrees on a ring-shaped stage. Also, 
an edge of each flexible cylinder is fixed in the upper 
ring-shaped stage. Two on/off control valves (Koganei 
Co. Ltd., G010HE-1) or quasi-servo valves are used to 
drive one flexile pneumatic cylinder. In the control of the 
robot, we used six control valves. In addition, this robot 
arm has a flexible tube in the center of ring-shaped stage 
as a backbone in order to deal with the bending motion 
as an attitude control of the robot. The both ends of the 
backbone tube are connected with upper and lower 
ring-shaped stages. 

Master-Slave Control System 

In order to control the movement of the robot arm, we 
tried an attitude control of upper ring-shaped stage using 
an accelerometer. Figure 3 shows the schematic diagram 
of the master-slave control system based on the attitude 
of the upper ring-shaped stage. It consists of a slave arm 
and a master arm. The slave arm consists of the tested 
robot arm mentioned above, an accelerometer, a 
micro-computer (Renesas Co. Ltd., H8/3664) and six 
quasi-servo valves mentioned later. The master arm 
consists of an accelerometer that is set on the top of a 
flexible tube to give the reference attitude. The attitude 
of the upper ring-shaped stage is detected with the 
accelerometer installed in the upper ring-shaped stage. 
The accelerometer can detect the bending angle of the 
upper stage by measuring the change of gravity for X,Y,
and Z axis. From these values, the bending direction 
angle and the bending angle  (shown in Fig. 4) are 
calculated by Eq. (5) and Eq. (6) shown in later section. 
The control of the tested flexible robot arm is carried out 
as follows. The micro-computer gets the output voltage 
of the bending angles, the micro-computer calculates the 
desired length and the present length of each flexible 

Figure 3  Schematic diagram of control system 

cylinder by Eqs. (1)-(4) based on the simple analytical 
model of the flexible robot arm mentioned later. Where, 
the “length of the flexible cylinder” is defined as a 
distance between the upper ring-shaped stage and the 
lower stage.  By using this method, each length of the 
cylinder can be controlled as a position control, and 
consequently, a master-slave control can be realized. 
Therefore, the analytical model of the robot that can 
calculate the bending angle of the robot and the length of 
each flexible cylinder from the output signals of the 
accelerometers is very important. In a control with a 
micro-computer, we need a device to record or output 
several variables (angle, displacement and so on) during 
the control. In our control system, they are recorded by a 
recorder (GRAPHTEC, GL200) through a handmade 
D/A converter connected with the micro-computer. 

Analytical Model for Control 

Figure 4 shows an analytical model for the attitude 
control of a flexible robot arm. In this model, we 
assumed that the shape of each flexible pneumatic 
cylinder becomes a circular arc when the arm bends. 
From the geometrical relationship shown in Fig.4, the 
desired length (in a master arm) and the present length 
(in a slave arm) of each cylinder L are calculated by the 
following equations (1)-(4) by using the bending 
direction angle and the bending angle .

        (i=m,s)  (1) 

      (i=m,s)  (2) 

(i=m,s)    (3) 

                       (i=m,s)    (4) 
Where, L0 means the fixed length of a backbone tube 
installed between the upper and lower ring-shaped stage, 
that is 100mm. Subscripts m, s, and i indicate the desired 
(master arm), the present (slave arm) and the location 
number of the cylinder, respectively. R and r mean the 
radius of curvature of the cylinder and the distance from 
the center of the ring-shaped stage to the center of the 
slide stage in the cylinder, respectively. Radius r is 
33mm.  On the other hand, the bending direction angle 

, and the bending angle are given by following 
equations using the output signal from the accelerometer. 

  (i=m,s) (5)    

             (i=m,s)     (6) 

Where, Vx, Vy, and Vz mean the accelerometer output 
differential voltage from the initial value. The voltages 
Vx and Vy correspond to the angle from the horizontal 
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plane and Vz corresponds to the angle from the vertical 
plane. Then, Vzmax means the difference of Vz between the 
values in horizontal and vertical planes. By using Eqs. 
(1)-(6), we can calculate the length of the six cylinders 
for every bending state of the robot arm. In our previous 
study [7], we confirmed that the calculated angle agreed 
well with the measured value. The error between both 
angles was less than 1 degree. 

Figure 4  Analytical model of flexible robot arm for 
attitude control 

Control Scheme and Experimental Results 

As a control method for the attitude control of the robot, 
first, we apply the on/off control scheme to the 
master-slave control system.  In the control, the 
micro-computer drives the suction or exhaust control 
valves through the transistors according to the deviation 
between two sensor voltages. We used the following 
on/off control scheme. 

              (j=1,2,3)  (7) 

uj<0    Valve(j): on, Valve(j+3):off    (j=1,2,3) 

uj=0    Valve(j):off, Valve(j+3):off    (j=1,2,3)  (8) 

uj>0    Valve(j):off, Valve(j+3):on    j

Where, uj means the control input, ej means the error of 
each cylinder length. 
Figure 5 shows the transient responses of the length of 
each flexible pneumatic cylinder L1,L2,L3 and bending 
direction angle of the robot arm. The blue line shows 
the desired length of the virtual cylinder and bending 
direction angle of the virtual master robot and the redline 
shows those of the slave robot. From Fig.5, we can find 
that there is very large oscillation in the slave robot arm: 
the control performance is not good. It is because that the 
feedback control gain becomes too high by using a 
simple on/off control valve whose output flow rate is too 
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Figure 5  Transient response of the length of each 
flexible pneumatic cylinder and bending  

direction angle of robot arm 

large for the small volume of the cylinder. In order to 
prevent the oscillation caused by larger input, it is better 
to use the lower input.  But the lower input makes the 
dynamics of the actuator slower.  In ideal, the output 
flow rate in both cases of supply and exhaust should be 
adjusted according to the control input. In such a 
situation, a servo valve is used commonly, but the servo 
valve is large and very expensive. Therefore, we use the 
quasi-servo valve using on/off valves. 
Figure 6 shows the schematic diagram of the inexpensive 
quasi-servo valve which was developed in our laboratory 
[8]. The quasi-servo valve consists of two on/off control 
valves (Koganei Co. Ltd., G010HE-1) whose both output 
ports are connected each other. One valve was used as a 
switching valve to exhaust or supply, and another was 
used as a PWM (pulse width modulation) control valve 
that can adjust output flow rate like a variable fluid 
resistance. The valve connected with the actuator is a 
two-port valve without an exhaust port. Another is a 
three-port valve that can change the direction of fluid 
flow from the supply port to the output port or from the 
output port to the exhaust port. 
The two-port valve is driven by PWM method in order to 
adjust the valve opening per time.  It becomes a quasi 
variable orifice. Then, the latter valve is called as "PWM 
valve", and the former is called as "Switching valve". 
The size of the on/off valve is 33mm×20mm×10mm, and 
the mass is only 15g. 
In the attitude control of the robot arm, the two PWM 
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Variable orifice

PWM valveSwitching valve

Supply

Supply port

Output port

Exhaust

Exhaust port

Figure 6  Schematic diagram of the tested  
quasi-servo valve 

valves for each cylinder are driven at the same time, that 
is, the input duty ratio for two valves are same. As an 
analog control method using the tested quasi-servo valve 
to improve the bending control performance, the 
following typical PID control scheme was used. 

(i=1,2,3)   (9) 

Where, KP (=1.5[%/mm]), KI (=0.003[%/mm/s]) and 
KD(=0.025 [% s/mm]) indicate the proportional gain, the 
integral gain and the differential gain, respectively. These 
control parameters are adjusted based on the ultimate 
sensitivity method. Using the lower duty ratio as a 
control input to PWM valve, there exists the dead zone 
for output flow rate of the valve. Therefore, the input 
duty ratio of the PWM valve is always added 23% to the 
absolute value of the control input calculated by Eq. (9).  
In addition, the state of switching valve (on or off) is 
decided by the sign (positive or negative) of the control 
input. As this control method is embedded into the 
micro-computer, we can use the valve like a typical servo 
valve without complex operations. Figure 7 shows the 
transient response of the length of each flexible cylinder 
L and bending direction angle of the robot arm using 
the quasi-servo valve and the PID control scheme 
mentioned above. The blue line shows the desired length 
of the virtual master flexible cylinder and the red line 
shows the length of the slave flexible pneumatic cylinder. 
From Fig.7 we can find that the oscillation of the slave 
cylinders are remarkably decreased compared with the 
previous result using on/off control method as shown in 
Fig.5  It can be also seen that the tracking performance 
of the attitude control system is improved.  We can 
confirm the effectiveness of the control method based on 
the simple analytical model and the tested quasi-servo 
valve. 
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Figure 7  Transient response of the length of each 
flexible pneumatic cylinder and bending  

direction angle of robot arm 

SPHERICAL  ACTUATOR 

Construction 

Figure 8 shows the construction of the tested spherical 
actuator. The actuator consists of two ring-shaped 
flexible pneumatic cylinders (the double type cylinder). 
They are intersected at right angle and are fixed on the 
base. The diameter of each ring-shaped cylinder is 
148mm. And they can bend by being supplied the air to 
the cylinder. Two slide stages of each cylinder are 
connected by a right angle so that the bending movement 
with 2 degrees-of-freedom can be realized. The size of  

Figure 8  View of tested spherical actuator 
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the actuator is 160mm in width and 175mm in height. 
The total mass of the actuator is 170g. The tested 
actuator can bend over the range of 240 degrees around 
the center of circle of the cylinder. 

Fundamental Characteristics 

Figures 9 (a) and (b) show the experimental setup for 
measuring the generated force of the spherical actuator.
In Fig.9 (a), the supply pressure is 0kPa, and in Fig.9 (b), 
the supply pressure is 300kPa. The measuring procedure 
is as follows. The wire is fixed at a certain height of the 
actuator, then the tensile force is measured with a force 
gauge when the cylinder is pressurized. The 
measurement is carried out for four direction; 
±x-direction and ±y-direction. Here, x axis is taken in a 
parallel direction to the lower cylinder, y axis is taken in 
a parallel direction to the upper cylinder. Figure 10 
shows the relation between the generated force and the 
supply pressure. From Fig.10, we can see that there 
exists a dead zone within ±100kPa by the friction of the 
rod-less type flexible pneumatic cylinder.  From Fig.10,  

 (a) Pressure: 0kPa       (b) Pressure: 300kPa 

Figure 9  Experimental setup 

Figure 10  Measured generated force 

we can also see that the maximum generated force in 
x-direction is 3.5N, and the y-direction is 7N. Such a 
difference of the maximum force between x-direction 
and y-direction is caused by the fact that the wire fixed 
point was the same in both directions as shown in Fig.9.
Therefore, the torque is compared. Figure 11 shows the 
generated torque. They are calculated based on the 
distance from a circular center of the cylinder to the wire 
fixed point. The distance in x-direction is 105mm, and 
the distance in y-direction is 75mm. As a result, we can 
confirm that the maximum toque in x-direction is 
0.36Nm and that of y-direction is 0.5Nm although the 
tested actuator has flexibility. Although the difference of 
the toque between x-direction and y-direction becomes 
smaller compared with the case of generated force, we 
can find that the toque of x-direction is still smaller. This 
is because that the frictional toque of x-direction is larger 
than that of y-direction due to the longer distance from a 
circular center of the cylinder to the slide stage.
Moreover, from a constructional point of view of the 
actuator, the posture in Fig.9 seems to be the lowest 
rigidity of the actuator. 

Figure 11  Measured generated torque 

Master-Slave Control System 

Figure 12 shows the construction of the master-slave 
control system of the spherical actuator using 
accelerometers, and Fig.13 shows the view of the system.
The slave consists of the spherical actuator, an 
accelerometer, four quasi-servo valves to operate two 
flexible pneumatic cylinders and a micro-computer as a 
controller. The master consists of an accelerometer for 
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the desired attitude on the ring-shaped stage with a 
diameter of 100 mm as shown in Fig.13. The control is 
done as follow. The micro-computer gets the output 
voltage from two accelerometers. By a control scheme 
based on the difference of the voltages, the quasi-servo 
valves are driven, the flexible pneumatic cylinders are 
driven and then the attitude of the spherical actuator is 
controlled. As a control scheme, an on-off control 
scheme and a PD control scheme were used. 

Figure 12  Schematic diagram of control system 

Figure 13  View of master-slave control system

Control Scheme and Experimental Results 

Figure 14 shows the transient response of the bending 
angles of the actuator using the on/off control scheme. In 
the experiment, the desired angles were given so as to 
rotate the master device with a certain period. In Fig.14, 
the upper figure shows the transient response of the 
bending angle of x-axis direction, the middle one shows 
the results of y-axis direction, and lower one shows the 
result of the bending direction angle. In Fig.14, the 
broken line shows the master, and the solid line shows 
the slave. From Fig.14, we can see that the bending angle 
and the bending direction angle of the slave have a larger 

oscillation compared with the master. Moreover, the 
accelerometer also detects an acceleration of the 
spherical actuator, and the result shows the larger change 
including the acceleration change than the real 
movement of the spherical actuator. This appears in the 
result of the bending direction angle such as larger 
angular change compared with the actual movement. It is 
caused by using the higher gain such as an on-off control 
scheme. Therefore, we need to apply the analog control 
method in order to improve the control performance. 

Figure 14  Transient response for on/off control 

In the experiment using PD control scheme, as a same 
manner of on/off control, the desired angles were given 
so as to rotate the master device. Then, the PWM period 
of the quasi-servo valve is 10ms. Figure 15 shows the 
view of movement of the actuator using the PD control 
scheme. Figure 16 shows the transient response of each 
bending angle of the actuator. Each figure in Fig.16 
shows the result of the bending angle of x and y direction 
and the bending direction angle, respectively. From 
Fig.16, compared with on/off control result, the vibration 
of each angle became smaller. We found that the slave 
spherical actuator can trace the movement of the master 
device. However, it needs to improve the control 
performance, because there is a step wise change of the 
slave bending angle. We think that it is caused by the 
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larger friction in the rod-less type flexible pneumatic 
cylinder. Therefore, it will be possible to improve the 
control performance by decreasing the friction of the 
cylinder. 

Figure 15  View of master-slave control 

Figure 16  Transient response for PD control 

CONCLUSIONS 

The study aiming at developing the flexible mechanisms 
using flexible pneumatic cylinders is summarized as 
follows. 

1)  The simple-structured flexible robot arm using the  
novel flexible pneumatic cylinders was proposed and 
tested. For an attitude control of the arm, a simple 
analytical model that can calculate the displacement of 
the flexible cylinder and the control system using a 
micro-computer were proposed and tested. 
2) In order to improve the control performance of the 
robot arm, the quasi-servo valve using inexpensive 
on/off control valves developed in our laboratory was 
used. The attitude control system using the quasi-servo 
valve and PID control scheme was tested. As a result, the 
tracking control performance of attitude control system 
was improved. The effectiveness of the control method 
by using the proposed analytical model of the flexible 
robot arm and the tested quasi-servo valve was 
confirmed. 
3) The simple-structured spherical actuator that it 
consists of two flexible pneumatic cylinders was 
proposed and tested. The master-slave control system 
using the tested actuator, four quasi-servo valves and a 
micro-computer was also proposed and tested. As a 
result, the control performance of the actuator could be 
improved by using PD control method and quasi-servo 
valves compared with the results using on/off control 
scheme. 
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ABSTRACT 

The pneumatic system which is called a vacuum toilet is used for the toilet for train to make a car interior comfortable. 
So far, a pneumatic system design of the vehicle was much based on the experience. In this paper, in the efficiency of 
this pneumatic system, using the quick flow sensor which has a high response, it measured the pressure and the flow 
rate of the vacuum toilet for train. Also, it confirmed that it is possible to attempt vacuum toilet feature improvement by 
the change of the pneumatic element and that the simulation result agreed with the experiment data approximately. 

KEY WORDS

Pneumatic system, Vacuum toilet system, Energy consumption 

NOMENCLATURE 

P :  Pressure [kPa] 
Q :  flow rate [L(ANR)] 
t :  Time [sec]  

Subscript 
s :  supply line 
c :  the reserve filth tank 
H :  ejector 
2 :  upstream of ejector 

INTRODUCTION

A pneumatic system is used for the wide field in 
addition to the industrial field. In recent years, a 
pneumatic system is used to realize the lightening of a 
vehicle, and comfortable car interior environment at the 
toilet for train, too. 
The system which is called a vacuum toilet is composed 
of the mechanism to transfer to the filth tank in the 
positive pressure after sucking filth with the negative 
pressure. A vacuum toilet for train is shown in Figure 1. 
However, as for such a pneumatic system, the 
measurement of the pressure and the flow rate isn't
sufficiently done and as for the design, most are based 
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on the experience. It thinks that it is necessary to review 
about the validity of the design from the viewpoint of 
the efficiency and the energy consumption. 
On the other hand, by the research of the authors, the 
evaluation of the air pressure energy is done in case of 
measurement of the compressed fluid. First, we define a 
concept with the valid energy of the air to have 
considered the compressibility of air. The energy and 
the efficiency of the pneumatic-system become able to 
be evaluated using this concept.[1] 
Also, we proposed quick flow sensor(QFS) which has a 
high response. Then, using QFS, it showed that the flow 
rate measurement by the compressed air about the static 
state and the non-steady state became possible.[2] The 
static characteristic of QFS is shown in Figure 2. Also, 
the frequency response of QFS is shown in Figure 3.
Therefore, in the this report, it reviews about the
measurement technique for the pneumatic system at the 
toilet for train. 
First, it measures pressure and flow rate about the
non-stationary flow of the vacuum toilet of the initial 
condition by the experiment. 
Next, we aim at the efficiency improvement and the 
energy consumptio restraint at the vacuum toilet, and 
based on the measuring result, it reviews the pneumatic 
equipment change, the pipe size and the route change 
which composes a vacuum toilet, and it evaluates the 
efficiency of the system. 
Then, it compares between the simulation result based 
on the pneumatic characteristic of this system and the 
result of the experiment . 

Figure 1 Vacuum toilet for train 

�

Figure 2 The static characteristic of QFS 

Figure 3 The frequency response of QFS 

The vacuum toilet system for train 

The history at the toilet for train 
The toilet is the facilities which have the feature to 
dispose filth such as the excrement which has the fear to 
stain environment around, giving off a bad smell. 
Specifically, as for the means of transportation such as 
the airplane and the railway which does a long 
movement, a wide range of devices were so far made a 
restroom. [3,4] 
In the past, at the railcar, the way of making the track 
inside and outside of the country slip filth was used for 
a transit-time after washing a toilet in water but became 
a problem very much hygienically. In the 1960s, A 
shattering type excrete-disposer was developed. This 
equipment mixed a treatment agent to the filth and 
disinfected and firmed the filth, and then had the feature 
the filth shattering and scattering and was applied to the 
vehicle of the part. However, as the sanitary problem, 
there was not qualitative improvement and this 
equipment was abolished by the 1980s. After that, the 
collection type toilet which installed a filth tank in the 
vehicle lower part was used. Because the amount of 
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consumption of water was much at the toilet of the type 
of washing in water, and the weight of the vehicle 
which had a great deal of rinse waters and the collection 
tank of the filth increased, and became a problem when 
aiming to lighten in the vehicle. To solve this problem, 
A circle-method toilet was used by much since the 
1970s. This toilet has the feature to filter and disinfect 
the moisture which was collected at the filth tank and  
to reuse for washing a toilet in water. However, the solid 
which is caused by the feces and the toilet paper and so 
on was contained in reused moisture, adhered to the
drainpipe inside and sometimes caused the stuff. Also, it 
gives an unpleasant feeling because the treat-water itself 
smell is hard and it isn't possible to finish preventing the 
peculiar smell of the vehicle toilet. From the 1990s, A 
vacuum toilet was introduced into the means of 
transportation such as the airplane. At the previous toilet  
for train, it needed 5 - 6 liters of water for every the use 
of the taking. On the other hand, at the vacuum toilet, 
the filth in the toilet is sucked into the filth tank with the 
vacuum pressure. Therefore, it gets to use only about 
0.3 liters of water in taking operation and the amount of 
consumption of water can be suppressed to the 
minimum. Therefore, it connects with the weight 
reduction by the vehicle, too. Moreover, the vacuum
toilet is comfortable because the smell of the filth isn't 
left because it absorbs the atmosphere of the 
neighborhood with the filth and the slide-valve closes 
after that. And, to compared with the conventional 
restroom., the vacuum toilet gets to arrange pipe levelly 
to convey filth with the negative pressure and it 
becomes possible to arrange in the looking up. 
The vacuum toilet system for train 
There is a vehicle by which a vacuum toilet is loaded 
into the Shinkansen vehicle which East Japan Railway 
Co., possesses and operates. Figure 4 is Series E3 
Shinkansen vehicle which has a vacuum toilet. 
An example at the vacuum toilet for train is shown in 
Figure 5. After use, the vacuum toilet operates in the 
following order. Valve 3 operates and compressed air is 
sent to the ejector and makes a vacuum occur to the
reserve filth tank. Also, valve 1 operates and 
accumulates 300 cc water to the buffer tank(water).
Valve 2 operates after Valve 3 and 1 closes, and 
pressurizes the buffer tank(water) and washes a seat by 
the water. At the same time, it changes an air-circuit 
with valve 6 and slide valve 2 operates. When slide
valve 2 operates, with the negative pressure, filth in the 
seat is sucked by the reserve filth tank. After that, slide 
valve 2 closes and isolates the seat and the reserve filth 
tank. Next, after Valve 4 operates and pressurizes the 
reserve filth tank, valve 5 operates and slide valve 1 
opens. Then, the filth is transferred to the filth tank. 

Figure 4 Series E3 Shinkansen vehicle 

Regulator
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line

Water line

Valve 1

Buffer tank
(water)Valve 2

Valve 3
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Filth tank
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valve 1
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Figure 5 The scheme of vacuum toilet system for train 

The measurement of the vacuum toilet 

From the preceding chapter, it finds that a vacuum toilet 
for train is composed of the air actuator of the ejector 
and the air cylinder and so on, and control valve, pipe. 
Therefore, we measured pressure and flow rate about
the wash cycles such as the filling of the tank, the 
operation of the cylinder and the vacuum generation by 
the ejector. Incidentally, we used QFS(Quick Flow 
Sensor) which is excellent about the linearity and the 
response for the measurement. 
Measuring point of the experiment 
As shown in Figure 5, we measured the pressure and the 
flow rate of the supply source at the vacuum toilet, the 
pressure of the valve 2 inlet to send compressed air to 
the ejector, and the pressure in the reserve filth tank . 
The test condition 
Test condition list is shown in Table 1. In addition to 
the measurement in the initial condition, we measured 
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with the change of the decompression-valve size and the 
change of the main line size and the reroute. Test 
number A-07 is initial condition and isn't changing a 
circuit. As for test number B-07, we changed a 
decompression-valve. Test number C-07 is the test to 
have changed the size and the route of the pipe in 
addition to the change of the decompression-valve. Also, 
at test number C-06, we changed the set-pressure of the 
decompression-valve 0.6 MPa, too. 
The list of the equipment used for the experiment is 
shown in Table 2. 

Table 1 The test condition list 

Test 

number

Supply 

Pressure 

[MPaG] 

Size of 

reducing 

valve 

Size of 

pipe 

Pipe 

route 

A-07 0.7 original original
no 

change

B-07 0.7 big flow original
no 

change

C-07 0.7 big flow up change

C-06 0.6 big flow up change

Table 2 The list of measuring equipment 

Mark Model Maker 

Ps APM-L-400 TOKYO METER CO., LTD 

Q APM-L-400 TOKYO METER CO., LTD 

P2 AP-13S KEYENCE CORPORATION

Pc KL-80 Nagano Keiki CO., Ltd 

The experimental result 

Result of pressure 
The experimental result of the reserve filth tank 
pressure is shown in Figure 6. The experimental result 
with 4 conditions is being described in the figure at the 
same time. There is change of state in a few steps floor 
in the operation of the vacuum toilet, but in this paper, 
we aim at the pressure variation of the reserve filth tank. 
Incidentally, the decrease of the vacuum pressure 
emission rate is seen from the 2.5 second. This is 

because the operation to send water to the seat was
begun from this time. When comparing with the 
vacuum pressure emission rate of the initial condition, 
to make the decompression-valve a big flow rate is 
increasing a vacuum pressure emission rate. Moreover, 
it is that the pipe size up and the change of the pipe 
route decreased pressure loss and the vacuum pressure 
emission rate is increasing. 
The change of the supply pressure is shown in Figure 7. 
From this figure, the supply pressure of test number 
B-07 and  C-07 are higher than test number A-07. It
thinks that this leads to the increase of the vacuum 
pressure emission rate in the reserve filth tank. Also, the 
supply pressure declines around 2.5 seconds. We think 
that this is the purpose that compressed air supply
operation to the ejector and the pressurization operation 
of the water to wash a toilet are done at the same time. 
At experiment, because the air pressure part of the
system is composed efficiently, the improvement of the 
suction performance which is the important feature of 
the vacuum toilet is attempted. Also, even if it changes a 
supply pressure into 0.6 MPa by the configuration status 
with test number C-06, there is not a big difference with 
the vacuum pressure emission rate in the initial 
condition. From this thing, it was possible to confirm 
that there was not a problem in the performance of the 
vacuum toilet even if the supply pressure was declined 
by decreasing the delta-pressure of the component of 
the system. 

Figure 6 Experimental result of the reserve filth tank 
pressure 

-60

-50

-40

-30

-20

-10

0

0 0.5 1 1.5 2 2.5 3 3.5 4

Time [sec]

V
ac

uu
m

 p
re

ss
ur

e 
[k

P
aG

]

A-07 B-07 E-07 E-06

381
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



Figure 7 Experimental result of the supply pressure

Result of flow rate 
The integrating flow rate which was measured in the
supply line at the vacuum toilet is shown in Figure 8. 
The experimental result with 4 conditions is being 
described in the figure at the same time. Also, to 
compare with the pressure result of the reserve filth tank, 
the flow rate change makes elapsed time the same. As 
shown in this figure, to compare with the initial 
condition flow rate, the flow rate to be supplying a 
vacuum toilet with making the decompression-valve a
big flow rate, line size up and changing of the pipe route 
is increasing. Because the pressure loss of the pipe and 
so on was decreased, this is because it became easy for 
air to flow. 
Therefore, when changing a supply pressure into 0.6
MPa in the condition which is the same as test number 
C-06, the flow rate can be restrained as initial condition. 
This shows that the vacuum toilet can be worked, being 
no-problem functionally even if it makes a supply 
pressure decline in arranging plumbing and so on 
efficiently. Incidentally, the decline of the supply 
pressure and the decrease of the flow rate get to 
suppress energy consumption at the vacuum toilet, too. 

Figure 8 Experimental result of the integrating flow rate 

Simulation of toilet system 

To do a simulation with spare filth tank pressure, we 
measured the vacuum characteristic of the ejector. The 
vacuum characteristic of the ejector is shown in Figure 
9. A vacuum characteristic is found from the upstream 
pressure of the ejector and the pressure of the vacuum 
port. 
It is therefore shown by the following equation. 

H f P2, Pc    (1) 

�

0 20 40 60 80
0
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1

(P2-Pa)/(Ps-Pa)=0.41[-]
(P2-Pa)/(Ps-Pa)=0.55[-]
(P2-Pa)/(Ps-Pa)=0.68[-]

QNTP[L/min(normal)]

P
c/

P
a[

-]

Figure 9 Vacuum characteristic of the ejector 

We simulated with the reserve filth tank pressure from 
the vacuum characteristic of the ejector which was 
measured by the experiment. The simulation result is 
shown in Figure 10. The experimental result and the
simulation result showed approximately the same 
pressure variation. 
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Figure 10 The simulation result of the reserve filth tank 

Summary 

In this paper, we measured the pressure and the flow 
rate of the vacuum toilet for train, being first. The 
following matters could be confirmed from this 
measuring result. 
The decompression-valve change, and the line size 
change, and the pipe route change, when doing all of 
them, it became excellent about the vacuum pressure
emission rate. 
For the large consumption flow rate of the ejector and 
the large consumption flow rate in water tank 
pressurization, at the present equipment size, this is 
because the pressure loss had occurred. The efficiency 
of the vacuum toilet became good in doing an 
equipment size roughly, and as a result, the higher
performance could be shown. 
Also, when the decompression-valve and the pipe are
size up, the vacuum pressure emission rate becomes big, 
but the whole consumption flow rate becomes big and
the energy consumption has increased. However, if 
composing pneumatic equipment efficiently, supply 
pressure becomes low and the thing by which it is 
possible to make energy consumption decrease was 
shown. 
Moreover, we simulated the pressure of the reserve filth 
tank from the vacuum characteristic of the ejector. We 
think that the simulation result is same as the 
experimental result approximately, and that it is possible 
to utilize for increase in efficiency at the vacuum toilet 
for train in the future by it. 
The railway vehicle is using pneumatic system for the 
brake, the suspension, the door and the toilet and so on. 
There is a problem with the space and the cost, and
built-in number of the air compressor is limited. That is, 
there is a limit in the air volume which the air pressure 
equipment can be supplied with. And, the brake 

operation must make not be influenced by the other 
pneumatic equipment. Therefore, we want to make the
consumption air volume of the service equipment like 
the vacuum toilet as little as possible. 
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ABSTRACT

Today it is no more reasonable to think that air is free. In order to increase energy efficiency, the control of 
electropneumatic actuator requires the energy balance in terms of air flow delivered by the power modulators to be 
optimized during tasks such as trajectory tracking. This paper tries to tackle two essential difficulties when dealing with 
pneumatic actuation. First, the modeling of the heat transfer phenomena in the cylinder chambers and second, control 
syntheses taking into account a realistic representation of the temperature dynamic. As a consequence, this approach 
enables to address properly the optimization of the overall actuation efficiency.

KEY WORDS

Electropneumatic, heat transfer, model analysis, linear control, energy efficiency

NOMENCLATURE

h specific enthalpy (J/kg)
m mass of gas (kg)
U internal energy (J)

dt
dQ heat exchange (J/s)

P pressure (Pa)
T temperature (K)

m
q mass flow rate (kg/s)
u servo-distributor input voltage (V)
y piston position (m)
v piston velocity (m/s)
V chamber volume (m3)
F force (N)

cv specific heat capacity at constant volume (J/kg/K)
cP specific heat capacity at constant pressure (J/kg/K)
r perfect gas constant per mass unit (J/kg/K)

adiabatic index
k polytropic constant
kair air thermal conductivity (J/s/K/m)

air dynamic viscosity (Ns/m2)
g gravity acceleration (m/s2)
b viscous coefficient (N/m/s)
M moving load (kg)
S area of the piston (m2)
A heat exchange area (m2)

heat exchange coefficient (J/K/m2)
t time (s)
x state vector

variation
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Subscripts and superscripts
0 external or wall
ext external
N chamber N
P chamber P
S supply pressure
E exhaust pressure
e equilibrium
f friction

INTRODUCTION

For pneumatic applications, the overall energy balance 
must be made in terms of power consumption of the 
compressor supplying the fluid. In hydraulic and electric 
applications, energy consumption can easily be 
evaluated but, when dealing with compressible fluids [1, 
2, 3], the energy is related to mass flow rate [4] but also 
to temperature [5, 6]. However, temperature 
measurement is still a bottleneck in terms of time 
constant in regard with the dynamic of the actuation and 
the modeling of heat transfer behavior is usually 
drastically simplified.
Recent works on modeling heat transfer in reservoir 
have resulted in simulation models with detailed
convection phenomena according to air flow behavior
[6, 7]. These models have been validated experimentally 
in different configurations and air flow conditions. One 
of the main interests of these results is that the real 
energy consumption can now be evaluated on line and 
in real time using state observers based on cheap and 
large bandwidth measurement equipments as pressure 
sensors.
The aim of this work is to explore the interest of 
temperature dynamic in the synthesis of the control law 
in order to tackle different drawbacks of 
electropneumatic actuation such as stick-slip [9] and 
energy efficiency. Consequently, a model with full heat 
transfer phenomena and temperature dynamic is 
proposed. Then, this model is used to perform the 
synthesis of linear laws taking into account these 
phenomena.

Figure 1: Experimental rig

The first section is dedicated to the modeling of the 
system where a model taking into account a full 
convection model for air in the cylinder is proposed.
Then the next sections focus on the comparison of two 
modeling approaches: the first model is based on the 
classical polytropic hypothesis, whereas the second 
model takes into account heat exchanges. The first step 
consists in the comparison of the open-loop dynamic of 
the linearized models according to piston position. A 
state feedback control is then designed for each model. 
This enables the comparison of the system behavior 
according to the model used for the control synthesis. In 
this last part, a virtual prototype of the actuator is used 
and the results are discussed in terms of temperature 
evolution and energetic performances.

SYSTEM MODELING

The experimental bench (Fig. 1 and 2) is an in-line 
electropneumatic servodrive controlled by two three-
way servo-distributors. 

Mechanical part:

The stroke length is half a meter and the total moving 
load is 17 kg. The electropneumatic system model uses 
classical assumptions [10]: by considering the pressure 
behavior in a chamber with variable volume and the 
mechanical equation which includes pressure force, 
viscous friction and dry friction ( fF ) and an external 

force ( extF ) due to atmospheric pressure. 

v
dt
dy

FFPSPS
dt
dvM fextNNPP

(1)

Figure 2: Scheme and notation

Using the theory of multi-scale systems, the dynamics 
of the servo-valves can be neglected [9]. Then the 
model can be reduced to a static characteristic for given 
supply and exhaust pressures and is described by two 
relationships PPmP uPq , and NNmN uPq , between the 
mass flow rates mPq and mNq , the input voltages Pu
and Nu , and the output pressures PP and NP .
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The following assumptions are taken into account for
establishing the thermodynamic model:

- air is a perfect gas,
- pressure and temperature are homogenous in 

the chambers,
- kinetic and gravitational energy of the fluid, as 

well as viscous work and cylinder flow 
leakages are considered as negligible.

The thermodynamic model obtained by applying the 
thermodynamic principles and mass conservation is 
defined as follow:

Chamber N:

vS
dt

dV

qq
dt

dm
dt

dQ
dt

dVPhqhq
dt

dU

N
N

mNEmSN
N

NN
NmNESmSN

N

(2)

and 

N

N

v
N

N

N

v
N

m
U

c
T

V
U

c
rP

1
(3)

Chamber P:

vS
dt

dV

qq
dt

dm
dt

dQ
dt

dVPhqhq
dt

dU

p
P

mPEmSP
P

PP
PmPEPmSP

P

(4)

and 

P

P

v
P

P

P

v
P

m
U

c
T

V
U

c
rP

1
(5)

Thermal Exchange:

The thermal exchange from the gas in each chamber and 
the cylinder is developed. The proposed macroscopic 
model is based on the dimensional analysis theory and 
takes into account free-forced convection phenomena as 
well as wall thermal conduction. The model gives the 
equivalent macroscopic temperature in a chamber 
according to chamber state, flow conditions, and 
external temperature. It has been validated 
experimentally for charge and discharge tests, which 
justify the proposed estimation.

NNNN
N TTyAPT

dt
dQ

0, (6)

PPPP
P TTyAPT

dt
dQ

0, (7)

where yA is the heat exchange area between gas and 
walls according to the piston position, and PT , is 
the heat transfer coefficient obtained using the 
dimensionless number listed below :

- Nusselt number, 'PrGr
k

DNu
air

- Grashof number,
322

2
0

3

Tr
PTTgDGr

- Prandtl number, 
air

p

k
c

Pr

In this relations, and ' are coefficient experimentally 
determined and D is a characteristic length for the 
convection phenomena.
In the pressure and temperature range for this 
application, the Prandtl number for the gas can be 
considered as constant. Then, the heat transfer 
coefficient can be expressed for each chamber as:

3
)(or  

22

2
)(or  )(or  

3

N)(or  N)(or  N)(or  ,

NP

NPNPcyl

PPP

Tr
PTTgD

D
k

PT
(8)

Using (3) and (5) enables the substitution in (2) and (4) 
of the natural state variables (internal energy and mass) 
by pressure and temperature in each chamber. The 
obtained model has 6 state variables and is given by the 
following equations:

PPPPPmPEPv

mSPPv
PPP

PP

NNNNNmNENv

mSNNv
NNN

NN

P
P

PP

P

PP

mSP
P

P
mPEmSP
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NN
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mSN
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mNEmSN

N

NN

fextNNPP

TTyAvSPqTc

qTc
T
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yVP
T

dt
dT

TTyAvSPqTc
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T

yVP
T

dt
dT

TT
yV

yAv
yV
PS

q
yV

TTrqq
yV

rT
dt

dP

TT
yV

yAv
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PS
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TTrqq
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rT
dt
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FFPSPS
Mdt

dv

v
dt
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11

1

11
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(9)
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EQUILIBRIUM SET AND LINEARIZED MODEL

The previous physical model of the electropneumatic 
system is too complex for an analytic approach. A
linearized model has to be established first for analyzing 
the modal characteristic of the model, and second for 
the synthesis of a state feedback control law. Let us 
assume that:

- the heat transfer coefficient is nearly constant 
at equilibrium,

- the mass flow rate characteristic of the 
servovalve is not depending on the temperature
and is given by:

uPTPquTPPquPq
uPTPquPTPquPq

EPPmPESPSmSPPmP

ENNmNENSSmSNNmN

,,,,,,,
,,,,,,, (6)

For a single input non-linear model uxfx , , the 
equilibrium set is defined by 

0,, e
e

ne
e uxfuxE . In our case the 

equilibrium set can be deduced from (9):

0

0,

0,

0

0

e
ext

e
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e
PP

ee
PmP

ee
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e
P

e
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e

e

FPSPS
uPq

uPq
TTT

v
y

(10)

The three unknown variables ee
N

e
P uPP ,, are determined

by solving graphically the three last equations in (10) 
using the mass flow rate characteristic of the 
servovalve.
Let us note the variations in a neighborhood of the
equilibrium set as:

e

e

uuu
xxx (11)

The linearized model is then defined by (12) using 
following notations for the flow characteristics of the 
servovalve around the equilibrium point:
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In most of the cases, for control purposes, the 
thermodynamic transformation of the gas in the cylinder 
is assumed to be polytropic and heat transfer with walls
is neglected. Taking into account those simplifications,
it allows the reduction of the model to a 4th order model 
defined by (14). The two models can now be compared 
analytically according to the formulation shown bellow.
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OPEN LOOP STABILITY

In this section a comparative study of both 4th and 6th 

order open loop systems is presented. In linear system, 
poles have influence on stability system response, 

transient response and bandwidth. For both linearized 
models (12) and (14), the stability can be analyzed 
according to the considered equilibrium state (10), 
which depends on pressures and piston position. Here 
the polytropic index k has been set equal to 1.2 in the
polytropic model (14); this value is generally the one 
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used for control purposes as it gives a good 
approximation of the cylinder dynamic in most of the 
cases.
Fig. 3 and 4 show respectively the evolution of the poles 
of the 4th and 6th order models for different piston 
positions. Fig. 5 presents a comparison of the dynamic 
of the poles calculated at middle stroke.

Figure 3: Pole evolution in open loop for the 4th order 
model at different equilibrium position

Figure 4: Pole evolution in open loop for the 6th order 
model at different equilibrium position

These two figures show clearly that the piston position 
plays a crucial role on the system dynamic. We can also 
remark that poles at ymin and ymax are naturally not 
identical since the cylinder has a rod on only one side 
and the chambers are consequently non symmetrical.
The influence of the temperature dynamic can clearly be 
observed with the two new real poles at low frequency, 
but also because it changes the location of the other 
poles. These changes are more clearly shown on Fig. 5 

where the dynamic of the poles calculated at middle 
stroke is compared for both models.

Figure 5: Comparison of the pole in open loop for both 
models at half-stroke

It can be concluded that classical hypothesis that states 
that the temperature dynamic can be neglected is not so 
obvious. All the dynamics are of the same order of 
magnitude. Nevertheless, the polytropic model with a 
polytropic index k = 1.2 seems to catch properly the 
main effects.
In the next section, basic control laws are designed in 
order to outline the differences between the two 
approaches (models).

STATE FEEDBACK CONTROL LAW

The position control of pneumatic actuators has widely 
been studied and many linear and non linear techniques 
have been successfully applied [11, 12, 13]. Our goal is 
not here to design a control law leading to high 
performances, but rather to consider a linear control 
approach, such as state feedback, that allows all the 
information provided by the model to be taken into 
account, and the system to be studied in the linear 
domain. Of course, the implementation of such a control 
law is not considered here, as feedback on all states is 
not realistic on real systems, especially for 
temperatures.
In this section, the state feedback control law with pole 
placement is synthesized in order to reach about the 
same kind of step response for both linearized models.
For the polytropic model, the polytropic index k is set 
equal to 1.2, and for the model taking into account the 
temperature dynamic, the heat exchange coefficient is 
fixed to 15 J/s/m2/K.
The first step in the pole placement approach is to 
define the pole locations for the closed loop. For high 
order system, which cannot be approximated by second 
order systems (it is the case here, especially at half-
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stroke), this choice can be complex. The ITAE [14] is 
one of the techniques that can be applied at the pole 
selection step. In our case, in order to avoid command 
saturation, the following closed loop pole locations have 
been chosen:

Prototype Response Poles: ITAE transfer functions

order Pole locations for =1rad/s

4
s+0.4240 ± 1.2630 j
s+0.6260 ± 0.4141 j

wn = 1.33 rad/s, = 0.32
wn = 0.75 rad/s, = 0.83

6

s+0.3099 ± 1.2634 j
s+0.5805 ± 0.7828 j
s+0.7346 ± 0.2873 j

wn = 1.30 rad/s, = 0.24
wn = 0.97 rad/s, = 0.59
wn = 0.79 rad/s, = 0.93

By substituting s by 0ws , pole location can be obtained

for any values of 0w , the open-loop natural frequency.
From the state feedback control defined as 

xKu , the chosen closed loop poles are also the 
eigenvalues of the closed loop state matrix BKA .
This leads to the following feedback gain matrix K for 
both models at half-stroke.

The state feedback gains can also be calculated for 
different piston positions. Fig. 4 and 5 show the pole 
evolution in closed loop for the 4th and 6th order models
with the choice made for each model.

Figure 6: Pole evolution in closed loop for the 4th order 
model at different equilibrium position

Figure 7: Pole evolution in closed loop for the 6th order 
model at different equilibrium position

SIMULATION

In order to compare the two synthesized control laws, a 
simulation model of the actuator has been implemented 
in the LMS Imagine.Lab AMESim (Fig. 8). This model 
takes into account several phenomena, which have been 
neglected at the control design step:

- the heat transfer coefficient is variable 
according to (8),

- dry friction with Stribeck effects is considered: 
stiction force is equal to 50 N, and Coulomb 
friction force is equal to 30 N,

- leakages between chambers are taken into 
account,

- the dynamic and the real flow characteristics 
[15] of the servovalves are fully modeled.

Figure 8: AMESim model
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The feedback gain matrix calculated for half-stroke is 
used for step responses around this position. Fig. 9
shows the position of the piston in both cases.

Figure 9: Comparison of the piston displacement for 
step inputs with the same control law

Figure 10: Comparison of the pressures in the cylinder 
chambers

Figure 11: Comparison of the temperatures in the 
cylinder chambers

Figure 11: Evolution of the heat transfer coefficient in 
the cylinder chambers

CONCLUSION

In this paper, we have shown that it could be worth to 
take into account the temperature dynamic for the 
design of the control law. First, the influence of 
temperature dynamic is significant; second, it leads to a 
better control of the system. The simulations have 
shown that neither the polytropic approach, neither a 
model with a constant heat exchange coefficient can 
properly represent the temperature magnitude or
dynamic. 
This type of approach allows now the energy efficiency 
problem to be studied in details. Further works should 
now revisit energy efficient control law, which have 
already been discussed in previous work [16]; thermal 
share could be an answer to the minimization of energy. 
On the proposed model basis, the adequate path 
planning can be developed and the choice of the 
structure of the system can also be questioned, for 
example in terms of energy recovery. This development 
will however require more advanced control strategy, 
such as flatness theory or backstepping control 
techniques [17, 18].
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ABSTRACT

The Stewart platform type parallel link mechanism with 6 degrees of freedom is a structure which arranges six 
single rod hydraulic cylinders parallel between the base platform and the end effecter as the controlled object. By
controlling the length of each link with the hydraulic cylinder, the position and posture of the end effecter is controlled 
with six degrees of freedom in three-dimensional space. In this report, I give a desired sinusoidal signal to a coordinate 
axis direction and I measure the frequency response of each coordinate axis direction. The difference depending on the 
axis direction and interference are examined. The experimental results are compared with the simulation results.

KEY WORDS

Parallel Link, Six Degrees of Freedom, Electro-Hydraulic Servo Cylinders

1. INTRODUCTION

Parallel link mechanism is considered that a tire 
testing equipment for airplane of the 1950 s is a first 
mechanism with six degrees of freedom in the world. In
recent years, a research and a development of a parallel 
link were done from 1990 in Japan because the control 
computer performance became a speedup and higher.

Now the parallel link mechanism is used for the 
position control of the pedestal part for the amusement 
equipment in amusement parks by the development of 
the amusement industry in the world. It is also used for
flight simulator of airplanes. The development in the
field such as welfare and medicine which needs precise
positioning that is hard to perform with the serial link 

mechanism is expected. The parallel link mechanism is 
also expected to be used for a construction machine.

2. PARALLEL LINK MECHANISM USED ROR 

EXPERIMENT

Parallel link mechanism is structure which arranges
six single rod hydraulic cylinders parallel between the 
base platform and the end effecter. The motion of the end 
effecter with six degrees of freedom is enabled by 
moving six cylinders independently. The picture of the 
experimental machine is shown in Fig.1. The constitution 
of the single rod hydraulic cylinder control system is 
shown in Fig.2. The servo amplifier output six single rod 
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hydraulic cylinders, after PC is given desired value. The
desired lengths, of six hydraulic cylinders are calculated 
with inverse kinematics from desired value of position 
and posture. Two pumps are used. The pump pressure 
(Ps1) of a pushing side is fixed. Pump pressure (Ps2) is 
sent to servo valve and the cylinder pressure in pulling
side is changed. Each cylinder is attached potentiometer 
and value of potentiometer is read by PC. The advantage 
of parallel mechanism is high rigidity by using the 
hydraulics and truss. A frame of reference of parallel link 
is shown in Fig.3.

Fig.1 Experimental equipment

Fig.2 Constitution of single rod hydraulic cylinder 
control system

3. NOMENCLATURE

A1,A2: effective sectional area of pushing side and 
pulling side of cylinder

Fig.3 Parallel link mechanism and coordinate system

Ad: amplitude of dither 
B0: coulomb friction force of electro-hydraulic servo 

cylinder
C: center point of gravity of end effecter
C: vector of position and posture of C
fd: frequency of dither
fm: thrust of cylinders
Fx,Fy,Fz: force of x,y,z axis of end effecter
g: gravitational acceleration
h: function of inverse kinematics calculation
im: applied current to servo valve
J1: Jacobian matrix of parallel link mechanism with six

degrees of freedom
Jx,Jy,Jz: moment of inertia of Xe,Ye,Ze axis of end

effecter
K: bulk modulus of hydraulic oil
k1: ratio of link length to output current of servo 

amplifier
k2: constant about output flow of servo valve
lm: length of link
lmax: critical length of link
M: mass of end effecter
O: origin of reference coordinate system 
p2m: pressure in pulling side of cylinder
Ps1: supply pressure in pushing side of cylinder
Ps2: supply pressure in pulling side of servo valve
q2m: output flow of servo valve
Rim: desired value of link length
t: time
T ,T ,T : torque of Xe,Ye,Ze axis of end effecter
V2m: volume of pulling side of cylinder
Vsp: piping volume between servo valve and cylinder
x,y,z: XYZ coordinates of C

, , : Eulerian angle

vector

C=[x y z ]T, f=[f1 f6]T

F=[Fx Fy Fz T T T ]T, l=[l1 l6]T

M=diag(M M M Jx Jy Jz)
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Fig.4 Block diagram of parallel link mechanism

4. SIMULATION

In this study, simulation results using 
Matlab/Simulink are compared with experiment results. 
Fundamental equations of parallel link mechanism are
shown. Equation for motion of end effecter is

TgMCMF )00000( . (1)

Function to calculate the length of links from position 
and posture of end effecter.

)(Chl             (2)

Relation between link speed and position and pasture of 
end effecter is obtained by time derivative for both sides 
of equation (2).

CCJl )(1            (3)

J1(c) is called Jacobian.

C
ChCJ )()(1                  

Relation between thrust of cylinders and force and torque 
which affects on target point.

fCJF T )(1             (4)

It is assumed that the servo valve is zero lap and the 
displacement is proportional to the current. The relation 
between the output flow rate and the pressure drop is 
expressed by

)2)(sgn( 22222 msmsmm pPiPikq . (5)

Relation between compression of fluid and pressure
change is                     

)( 22
2

2 mm
m

m qlA
V
Kp ,    (6)

where

spmm VllAV )( max22 . (7)

Force for cylinder piston is

)sgn(02211 mmsm lBpAPAf . (8)

Current to servo valve is represented by the following 

equation,
)2sin()(1 tfAlRki ddmlmm , (9)

where )2sin( tfA dd is overlapped dither signal.
Relationships of above-mentioned equations are
expressed by the block diagram as shown in Fig.4.

5. EXPERIMENTAL METHOD

The desired sinusoidal signal of the end effecter is 
inputted and the frequency response of each axis 
direction is measured. The gain is obtained by computing 
basic components of Fourier coefficient of the measured 
signal. Control method is proportional control.
Frequency response is measured from 0.1 Hz to 
20Hz.The parameter values of the system are shown in 
table1.

Table1 Parameter values

A1
-4m2 A2

-4m2

Ad     0.09mA B 0            90.0N

f d      200Hz K           385MPa

k 1     0.30A/m k 2
-6m3Pa-1/2s-1A-1

l max      377mm lmin           282mm

M        30kg Ps1           2.01MPa

Ps2      7.30MPa Vsp
-5m3

6. EXPERIMENTAL RESULT

6.1 WAVE FORM

The displacement of each axis direction is measured 
when the oscillating desired value is given to z-axis
direction.

The wave forms of each axis direction are shown in 
Fig.5, when the desired amplitude of z-axis direction is 
30mm and the frequency is 0.1Hz. The amplitude of 
z-axis direction is close to desired amplitude. The desired 
amplitude of other direction is 0. The amplitude of about 
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3mm in other direction is observed at most.

Fig.5 Wave form of each axis direction when desired 
value is inputted in z-axis direction

(frequency is 0.1Hz, desired amplitude is 30mm)

6.2 FREQUENCY RESPONSE OF EACH AXIS

DIRECTION WHEN DESIRED SINUSOIDAL 

SIGNAL IS IMPUTED TO ONE AXIS

The frequency response is measured when the 
desired value is given to only one axis direction. These 
are measured for all axis directions.

The frequency response of each axis direction is 
shown in Fig.6 when the desired sinusoidal signal of 
amplitude 30mm is given to z-axis direction. Some 
amplitude of oscillation in the x and y-axis directions are 
observed. From this, the x and y-axis directions receive 
interference from z-axis direction.

Fig.6 Frequency response of each axis direction when 
oscillating desired value is given to z-axis direction 

(desired amplitude is 30mm)

The frequency response of each axis direction is 
shown in Fig.7 when the desired sinusoidal signal of 
amplitude 30mm is given to x-axis direction. The desired 
amplitude in z-axis direction is 0. But some amplitude of 
oscillation is observed in this direction in low frequency 

until approximately 3Hz. The gain in y-axis direction 
increases when the frequency becomes higher than 3Hz. 
When the desired oscillating signal is given only to 
y-axis direction, some interference oscillation in z-axis 
direction is observed in low frequency and the amplitude 
of oscillation in x-axis increases in higher frequency.

Fig.7 Frequency response of each axis direction when 
oscillating desired value is given to x-axis direction

(desired amplitude is 30mm)

Frequency response of each axis direction is shown 
in Fig.8 when the oscillating desired amplitude of
10degrees is given to x-axis direction. The oscillation 
of y-axis direction becomes large when the frequency 
becomes higher than approximate 5Hz. When the desired 
oscillating signal is given to y-axis direction the 
vibration of x-axis direction becomes large in high
frequency in the same way.

Fig.8 Frequency response of each axis direction when 
oscillating desired value is given to x-axis direction

(desired amplitude is 10deg)

The frequency response of each axis direction is 
shown in Fig.9 when the oscillating signal of amplitude 
10 degrees is given to z-axis direction. The amplitude 
of other axis direction from the axis which the desired 
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oscillating signal is given is very small in Fig.9 
compared with Fig.5 to Fig.7.

Fig.9 Frequency response of each axis direction when 
oscillating desired value to is given z-axis direction

(desired amplitude is 10deg)

6.3 FREQUENCY RESPONSE OF EACH AXIS 

WHERE DESIRED SINUSOIDAL SIGNAL IS 

IMPUTTED

The frequency responses of the coordinate axis 
direction where the desired oscillating signal is given are 
shown.

The desired amplitude is 30mm for x, y and z axis 
direction respectively. It is 10degrees for x, y and 

z-axis direction respectively. The results are shown in 
Fig.10. The frequency response of x-axis direction is 
similar to that of y-axis direction. Also, the frequency 
response of x-axis direction is similar to that of    

y-axis direcrion. The band widths of x and y-axis are 
apploximately 4Hz. From the frequency, the gain 
decreases suddenly. 

Fig.10 Frequency response of each axis which oscillating
the desired value is given to

(desired amplitude of x,y,z is 30mm, and 
x, y, z is 10deg)

Simulation result corresponding to experimental 
result of Fig.10 is shown in Fig.11.Fig.10 and Fig.11 are 
corresponding well. Simulation results shown in Fig.11
coincide with the experimental results in Fig.10 with 
high accuracy.

Fig.11 Simulation result of frequency response of each 
axis which the ocillating desired value is given to

(desired amplitude of x,y,z is 30mm, and
x, y, z is 10deg)

6.4 EFFECT OF AMPLITUDE ON FREQUENCY 

RESPONSE

The frequency response of z-axis direction is tested 
when the amplitude of desired signal is changed.

The result is shown in Fig.12.The gains suddenly 
decrease when the desired amplitude becomes smaller 
than 2mm. The gains increse until amplitude 10mm, but 
the gains decrease at larger amplitude. 

Fig.12 Effect of desired amplitude in frequency response 
when the desired signal is given to z-axis direction
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6.5 FREQUENCY RESPONSE OF EACH LINK 

WHEN DESIRED SINUSOIDAL SIGNAL IS 

GIVEN TO Z AXIS DIRECTION

The frequency response of each link is shown when 
the desired sinusoidal signal is given to z-axis direction.
It is compared with simulation result. And it is compared
with the result when the desired sinusoidal signal is 
given to one link.

The frequency response of each link is shown in 
Fig.13 when the desired sinusoidal signal of amplitude 
30mm is given to z-axis direction. The frequency 
response of each link is similar each other.

Fig.13 Frequency response of each link when desired 
signal is given to z-axis direction

(desired amplitude of z-axis direction is 30mm)

The simulation result is shown in Fig.14. Fig.14 is 
similar to Fig.13. The simulation result of each link 
coincide each other completely.

Fig.14 Simulation result of frequency response of each 
link when desired signal is given to z-axis direction

(desired amplitude of z-axis direction is 30mm)

The frequency response of the link which is given 
sinusoidal signal of amplitude 30mm is shown in Fig.15 
when the other link is given amplitude 0 to be at rest.
The gain is changed around 9Hz compared with Fig13. 

The gain decreases with stability when 6 links moved 
togeter.

Fig.15 Frequency response of each link which desired 
signal is given to

(desired amplitude is 30mm)

6.6 EFFECT OF THE NUMBER OF LINKS 

WHERE DESIRED SINUSOIDAL SIGNALS ARE 

INPUTED

In the section 6.5, it is confirmed that the stable 
frequency response is obtained when the same desired 
oscillating signal is given to the all 6 links at the same 
time. So the frequency response of each link is measured 
when the number of links which desired oscillating 
signals are given, is changed.

The frequency response when desired oscillating 
signal is given to link1, 2 and 3 is shown in Fig.16.The 
gain of link4 decreases suddenly. Oppositely, the 
decrease in the gain for 2 links of link5 and link6 is 
smaller. Link1 adjoins link2 at the joint. Link3 adjoins 
link4 and link5 adjoins link6 respectively. Therefore the 
link4 recieves the effect of adjointed link3.
The deviation of each link is reduced by moving 
adjoining link together.

Fig.16 Frequency response of each link when the desired 
signal is given to link1,2 and 3
(desired amplitude is 30mm)
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7. CONCLUSION

When the desired sinusoidal signal is inputted to the 
z-axis direction, some interference oscillation appears in 
x and y-axis directions. Inversely, some oscillation 
appears in z-axis direction, when the desired sinusoidal 
signal is inputted to x or y-axis direction. The desired 
sinusoidal signal of x or y-axis direction has an effect on 
the interference oscillation in y or x-axis direction 
respectively. Inversely, the desired sinusoidal signal of

x or y-axis direction has an effect on the oscillation 
in y or x-axis direction respectively. However, such 
relation between z and z-axis directions are not 
observed. The experimental results are computed with 
the simulation results. The deviation of each link is 
decreased by moving adjoining links together.
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ABSTRACT 

In the automotive automatic transmission, the stagnated air in both the hydraulic circuit and the clutch controlling 
piston chamber have a bad influence on changing gears, so that understanding the mechanism of the flow field in the 
hydraulic system is very important. But there was no method to understand it except flow visualization experiment. 
So in this paper, we analyze the flow field with compressible VOF method calculation which includes an easy mesh 
morphing to move clutch piston. We also adapted the formulation of the boundary condition in order to reduce the 
calculation time. This calculation enables us to understand the mechanism of the flow field in the hydraulic system 
which contributes to improve controlling technology of changing gears.  
-- VOF method: popular computational technique for multi-fluid dynamics / mesh morphing: a technique of 
continuously deforming the CFD mesh by moving vertices 

KEY WORDS 

VOF, Compressible, Mesh morphing, Automatic Transmission 

NOMENCLATURE 

Ableed : Cross section of the air bleed [m2]
Aorf : Cross section of the orifice [m2]

d : Diameter of the cylindrical clearance [m] 
h : Clearance height of the air bleed [m] 
l : Length of the cylindrical clearance [m] 

Pat : Pressure in the transmission [Pa] (=0.0) 
pbleed : Pressure on the air bleed boundary [Pa] 

Q : Flow rate from the air bleed [m3/s]
: Viscosity [Pa s] 
: Density [kg/m3]
: Loss coefficient 

:=1.25 (Inlet:0.25 + Outlet:1.0) in Eq.(1) 
:=2.0 in Eq.(2) 

INTRODUCTION

In the automotive automatic transmission (AT), 
gear ratio is changed by engaging or releasing several 
clutches with the pistons. Since the pistons are 
controlled by oil pressure, highly accurate oil pressure 
controlling is essential for smooth and good response 
drive. The stagnated air in the hydraulic circuit and the 
clutch piston chamber has a bad influence on the 
hydraulic performance. Therefore, it is very important 
to understand the mechanism of the flow field in the 
hydraulic system. However, there was no method to 
predict the appearance (or disappearance) and the flow 
field of stagnated air in the hydraulic system when the 
clutch moves except flow visualization experiment. In 
this paper, we conduct the CFD with VOF method 
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calculation which includes our various ideas and 
visualize the flow field of two types of clutch systems;
one is a clutch which stops rotation (brake-type), 
another is a clutch which transmits rotation 
(rotary-type). We also compare the flow field of two 
clutch systems. 

Computational fluid dynamics code STAR-CD is 
used in the calculation. 

ANALYSIS SETTING 

Outline

Fig.1 shows a computational domain of brake-type 
clutch. The schematic figure of all AT is shown in 
Fig.1 (a). The calculating clutch region is located in 
the end of AT which is inside the red line circle. The 
computational domain is composed of the output port 
and hydraulic circuit inside the control valve (C/V), 
hydraulic circuit inside the CASE, and the piston 
chamber. The piston surface is the green surface in the 
cross section as shown in Fig.1 (c). The piston surface 
is controlled by the spring force and moves to the left 
(right) when the oil pressure is high (low). The piston 
chamber is divided into outer and inner, and the inner 

piston chamber contains an air bleeding hole (air 
bleed) which is shown inside the black circle. Air 
bleed is a cylindrical hole which has 15 [ m] 
clearance height (h), 4 [mm] diameter (d), and 7 [mm] 
length (l) approximately. From this hole, although air 
easily leaks, oil hardly leaks due to the difference of 
viscosity. 

In this paper, the mechanism of the air flow from 
the piston chamber is considered with attention to the 
following points. 
1) Air flow from the air bleed 
2) Relation between the oil flow generated by the 

stroke of piston and the air flow 
3) Variation of the air volume by the oil pressure 

Solutions to the problems on the calculation 

In this calculation, we added several ideas to VOF 
method as described below. 
1) Compressible air flow 

Since the oil pressure which controls the piston is 
up to 1.4[MPa] in AT, the compression and expansion 
of air should be taken into account. We applied the 
compressible VOF method to the calculation. Since it 
is considered that the heat has little influence to the 
flow field, we consider only density effect on the 
compressible air and ignore the heat. 
2) Easy mesh morphing 

Since the oil flow generated by the stroke of piston 
is very important for the air flow field in the piston 
chamber, it is necessary to deform the calculation 
mesh to realize the stroke of piston. However, the 
shape of piston chamber is so complicated that it is not 
easy to deform the calculation mesh. In order to solve 
this problem, we applied the morphing method 
explained below to deform the mesh without using a 
commercial mesh morphing program. Fig.2 shows a 
part of the cross section of the piston chamber. 

1. Insert prism layers on the piston surface after 
making tetrahedral mesh 

2. Deform only prism layers as solving the motion 
equation of the piston 

Figure 2 Easy mesh morphing method

Piston Surface

Prism layer 

Deform only 
Prism layer

(a) Original shape (b) Maximum deformation
(b) Fluid domain (c) Cross section

Figure 1 Computational domain
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Piston Chamber Air bleed
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Surface

Pressure boundary (Valve)

(a) Shape of AT
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CASE

Control Valve
Pull the fluid domain out
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This method enabled us to morph the mesh without 
breaking the topology and without making poor 
quality mesh. Fig.2 also shows the range of the 
motion. 
3) Formulation of the air bleed 

As mentioned above, the air bleed is a very narrow 
cylindrical hole in this hydraulic system. If we make 
grids as usual, both the number of mesh and the 
calculation time will be huge. In order to reduce the 
calculation time, we formulated the boundary 
condition to realize the air bleed. 

The pressure loss of the air bleed is formulated as 
Equation (1). The first term means the friction loss of 
clearance and second term means the form loss of 
clearance inlet and outlet. Using this equation we 
calculated the flow rate Q from pressure at the 
boundary and applied it as the boundary condition. 
Density and viscosity are set depending on the volume 
fraction on the boundary. This formulation well 
expresses the characteristic of the air bleed such that 
air easily leaks and oil hardly leaks. Formulating the 
boundary condition enabled us to minimize the 
number of mesh and to reduce the calculation time. 

(1) 

4) Formulation of the control valve (C/V) 

Fig.4 shows the schematic diagram of C/V. Since 
orifice and valve are located in the upstream of model 
(in C/V), we have to take their pressure characteristics 
into account to calculate pressure in the piston 
chamber accurately. However, the number of mesh and 
calculation time will be huge if we try to use CFD to 
solve the pressure loss of the hydraulic circuit in C/V 
and the valve motion. So we formulated the 
characteristics of C/V and applied the output pressure 
of C/V as the boundary condition. 

We assumed the orifice is the main pressure loss 
element in C/V, and set the boundary pressure which is 
obtained by subtracting the loss formulated as 

Equation (2) from the output pressure. Q is the flow 
rate into the piston chamber. Oil density is used 
because there is little air in C/V. We judge the state of 
valve by solving the motion equation of the valve 
spool, and set the output pressure as zero for the 
closed valve condition. 

(2) 

5) t control 

Finally we focus on the calculation time-step, since 
reducing the calculation time is essential to apply this 
calculation to the development of AT. 

In this hydraulic system, the oil velocity is high 
when the piston moves, but it is low when the piston 
stops. Therefore we tried to reduce the calculation 
time by controlling the time-step depending on the 
flow field. To be concrete, we changed the time-step 
depending on the maximum courant number. We set 
the time-step small when the courant number is high, 
and set the time-step large when the courant number is 
low. As a result, we were able to reduce the calculation 
time to 1/10 or 1/20 compared with the time when 
time-step is not controlled. 

RESULTS & VERIFICATION 

Stroke of piston and air bleed 

Fig.5 shows the transient data in 1-cycle of output 
pressure of C/V. The data are pressure in the piston 
chamber, stroke of piston and flow rate into the piston 
chamber, respectively. The piston moves fast when the 
pressure is increasing, and moves relatively slowly 
when the pressure is decreasing. Although the graph of 
pressure looks like a shelf when the piston moves, this 
means that spring force and oil pressure force are 
balancing. From this figure, we can say that this 
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calculation basically simulate the typical clutch 
motion. 

Fig.6 shows the relation between the pressure in 
the piston chamber and the flow rate goes through the 
air bleed. The red line indicates the flow rate of air 
calculated by Eq. (1), the points indicate the flow rate 
(air and oil) calculated in CFD, and the bars indicate 

the volume fraction of oil on the air bleed boundary. 
This graph means that the flow rate decreases when 
the oil reaches the boundary. Fig.7 shows the velocity 
vector which flow out through the air bleed, and the 
contour indicates the volume fraction; red is oil and 
blue is air. The vector shows that though air leaks, oil 
hardly leaks. These results mean that the formulated 
boundary condition simulates the characteristic of air 
bleed well. 
Comparison with the experiment 

We conduct the experiments and calculations with 
two different cases and compare the relation between 
the stagnated air volume in the piston chamber and the 
response of oil pressure. In the first case, the air 
volume was checked before the response measurement. 
Fig.8 shows the volume fraction, and Fig.9 shows the 
pressure in the piston chamber compared with 
experimental results. The waveform of pressure rise is 
basically the same in both CFD and experiment, so we 
realize this calculation method is useful to visualize 
the flow field in the hydraulic system. 

Figure 7 Velocity vector from the air bleed
Contour: volume fraction 
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In the second case, the oil was fully discharged 
from the piston chamber initially, and then oil pressure 
was applied and released 5 times with the maximum 
range. The difference with the first case is that the air 
volume before the response measurement is unknown. 
Fig.10 shows the volume fraction, and Fig.11 shows 
the pressure in the piston chamber compared with 
experimental result. Compared with the first case the 
pressure rises faster because the air flows out from the 
piston chamber by applying and releasing oil pressure. 
Since the pressure rise rate seems to be the same in 
both CFD and experiment, we realize that this 
calculation method is useful to visualize the air 
flowing out from the piston chamber. 

These results show this calculation method is very 
useful for the design of AT. 

CONSIDERATION OF THE MECHANISM 

(BRAKE CLUTCH) 

We made calculations of two patterns of output 
pressure of C/V in order to understand how the 
stagnated air flows out from the piston chamber. 
Fig.12 shows pressure pattern diagram. We applied 
five times high pressure in the pattern1 and two times 
high pressure after once low pressure in the pattern2, 
and compared the flow field in the piston chamber 
which is shown in Fig.13. The timing of each figure is 
shown in Fig.12; 1)-4): the pressure applied, 5): after 
the pressure released, and 6): the final state. 

With the air bleed (inner piston) 

From Fig.13 (6), we can see that the difference of 
the air volume of final state in the inner piston 
chamber is large between two patterns. Paying 
attention to the oil flow, from Fig.13 (3), we can see 
that oil reaches the air bleed in pattern1. Once oil has 
reached the air bleed, air hardly leaks. As a result, the 
air bleed doesn't work effectively and the air stagnates 
in the piston chamber. In contrast, the oil level of 
pattern2 rises gradually, and compressed air leaks from 
the air bleed steadily. This means that the air bleed 
works effectively when the initial moderate oil 
injection is applied. From these results, it is important 
to apply low pressure and inject oil gradually at first in 
the case of piston chamber with the air bleed. 

By the way, a little air must remain in the piston 
chamber even if the air bleed worked effectively as 
pattern2. It is because the compressed air stagnated in 
a volume above the air bleed (Fig.14) is expanded by 
releasing pressure. The stagnated air volume after 
releasing pressure can be calculated by Boyle s law 
(pV=const.). 
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Without the air bleed (outer piston) 

In the outer piston chamber which has no air 
bleeding hole, air is mixed by oil when applying 
pressure. Then, the mixed air flows out of the piston 
chamber as bubbles or the mass of air with the stream 
which is generated by stroke of piston and by 
expansion of air when releasing pressure. However, a 
large volume of air remains even after oil pressure is 
applied and released. 

In order to understand the effect of outlet position 
on the flow field, we calculated two cases which are 
shown in Fig.15. In both cases, we can see that the air 
stagnates in upper part of the piston chamber after 
mixing with oil when the pressure is applied. When 
the pressure is released, a large volume of expanded 
air stagnates in the piston chamber in the case that the 
outlet is set at the bottom. On the other hand, the 
stagnated air flows out of the piston chamber in the 
case that the outlet is set at the top. This means that it 
is important to set the outlet as high as possible when a 
brake-type clutch is used. 

These results gave us the following knowledge to 
reduce the air volume in the piston chamber of 
brake-type clutch. 

i. The outlet should be set as high as possible at the 
piston chamber. 

ii. For the piston chamber with the air bleed 
a) Low pressure and initial moderate oil 

injection should be applied. 
b) The volume above the air bleed should be 

minimized. 

Figure 14 Volume above the air bleed
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APPLICATION TO THE OTHER PART 

(ROTARY CLUTCH) 

We applied the same calculation method to the 
rotary-type clutch as well as brake-type clutch. Fig.16 
shows the results. In this case, the piston chamber and 
the shaft are rotating. Although the air stagnates in 
upper part of the piston chamber for the brake-type 
clutch, the air moves toward the shaft, which is 
rotation center, under the influence of centrifugal force 
for the rotary-type clutch. The stagnated air inside the 
shaft finally leaks from gap of the seal ring. 

This calculation enabled us to visualize the flow 
field in the rotary clutch for the first time. 

CONCLUSIONS 

In this calculation, we adapted the compressibility, 
easy mesh morphing and formulation of the boundary 
conditions to the VOF method, so that we succeeded 
in visualizing the flow field inside the hydraulic 
system that conventionally required experiments. And 
it enabled us to understand the flow field and the air 
volume, and to get design knowledge of minimizing 
the stagnated air volume. 

We are planning to apply this technology to the 
other parts in the transmission and achieve the 
performance improvement and the shortening of 
development period. 

Figure 16 Motion of oil and air  
in the rotary clutch piston chamber
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ABSTRACT 

People are facing up to the problem of the increasing energy supply demand and but request decreasing greenhouse 

gases. The take off the renewable energy is necessary to satisfy the both requirements. Wind energy and ocean energy 

is useful energy in development. The drive train of the power take off should be improved. The conventional drive 

train is usually mechanical transmission. Hydrostatic drive system is a useful power take off system. In this paper some 

references and the development of hydrostatic drive system are introduced. 

KEY WORDS 

No frequency converter, Damping characteristics, Efficiency, Reliability, Over load protection 

INTRODUCTION

Hydrostatic drive system is a reliable long time proofed 
system.  It is able to cover wide power range and speed 
range. Consequently, hydrostatic drive system is useful 
to drive the generator of Wind/Current/Tidal turbine, and 
wave generator. In this paper, some reference and 
development of Wind/Current/Tidal turbine generators 
are described. In the second part of this paper, some 
reference and development of wave generator are 
described. 

1 Wind/Current/Tidal turbine generator 

The turbine driven by wind or water flow is rotated in 
low speed (Only a very small wind turbine turns at even 
50min-1). The standard solution of generation needs to 
drive the generator in high speed (more than 1000min-1).

1.1 Conventional mechanical transmission 

The conventional mechanical transmission (Gear box) 
has to be installed inline between turbine rotor and 
generator. It is designed to transfer the power of turbine 
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rotor to generator with good efficiency at rated power. 
Figure 1 shows the typical configuration of wind turbine 
with mechanical transmission. 

Figure 1 Configuration of wind turbine with mechanical 
ansmission 

low of turbine generator with mechanical 
ansmission. 

tr

Turbine rotor speed is changed by wind speed variation. 
General mechanical transmission has one gear ratio. 
Usually a frequency converter is installed between 
generator and grid due to this and fed constant frequency 
electric power to grid. Figure 2 shows the power 
transmission f
tr

Figure 2 Power transmission with mechanical 
ansmission and frequency converter 

 3 shows the 
ause of failure of existing wind turbine.  

tr

The mechanical transmission mounted direct on shaft 
which transfers all forces directly through gearbox and 
generator. Therefore it is difficult to install an over load 
limiter into a mechanical transmission. Some failures of 
the mechanical transmission occur due to this reason. 

Especially the electric part is dominating and it is related 
to power electronics required to convert from power 
from asynchronous generator to grid. Figure
c

Turbine  

rotor 
Mechanical 

transmission 

(Gear box) 

Generator

Figure 3 Failures of wind turbine 

 5000~5500kg. Figure 4 
hows the example of gearbox. 

Figure 4 Gear box for wind turbine generator 

.2 Basic of Hydrostatic drive transmission 

The traditional concept is also heavier which have 
impact on structure design. The weight of gear box for 
1MW generator input is around

Tower 

s

Frequency converter

1

One of the alternative solutions of the power train of 
turbine generator is the Hydrostatic drive technology. 
The low speed high displacement hydraulic pump is 
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driven by the turbine and high speed low displacement 
motor drives the generator. The generator can be 
synchronous type and directly connected to grid 
elimination medium voltage transformers. Figure 5 

ows the concept of hydrostatic drive transmission. 

Figure 5 Concept of hydrostatic drive 

s the concept of hydrostatic drive with this 
rrangement. 

Figure 6 Concept  hydrostatic drive 

ve transmission has good damping 
haracteristics. sh

Using the variable displacement motor achieves the 
constant drive speed of generator. The variable high 
speed small size motors are available in market so the 
solution with variable motor is a reasonable selection. 
Figure 6 show
a

of

The intense torque fluctuations impacting on the turbine 
cause changes in rotation speed of turbine rotor. 
Compared to the stiffness of a mechanical transmission, 
the hydrostatic drive transmission has a much lower 
stiffness because of compression of oil and the low 
inertia of its components. The elastic modulus of oil is 
1.6 kN/mm2 compared to 210kN/mm2 for steel. 
Consequently, due to the elastic connection of turbine 

and generator, the rotation speed of turbine may changes 
on a small scale. Figure 7 shows the simulation result of 
dynamic analysis and it is proven by measurement [1]. 
Hydrostatic dri
c

Figure 7 Simulation result of dynamic analysis about 
rque fluctuation 

 turbine generator 
ith hydrostatic drive transmission. 

to

Above result shows the rotation speed of generator may 
be constant with suitable control of variable motor. In 
this system, frequency converter is redundant. Figure 8 
shows power transmission flow of
w

High speed unit consist of Axial 
piston motor and Generator 

al
 piston pump 

Low speed unit  
Consist of Radi

Figure 8 Power transmission with hydrostatic drive 
ansmission tr

Mechanical transmission has good efficiency at rated 
point, but usually no efficiency data of mechanical 
transmission , especially at partial load, is available. It is 
easy to calculate and measure the overall efficiency of 
hydrostatic drive transmission. Because the efficiency of 
each item of equipment including losses in hoses, piping 
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and valves as well as in the cooler are known. Figure 9 
shows the overall efficiency and the input and output 
power of the hydrostatic transmission versus wind 
speed[1].It can be seen , that from the rated wind speed 
of 15m/s down to 9m/s the overall efficiency is nearly 
constant at 85%. This means the hydrostatic drive 
transmission has a constant efficiency over the power

nge from 20% to 100% of the rated power. ra

Figure 10 test bench layout 

Figure 11 shows the configuration of test bench. 

Figure 9 Simulation result of overall efficiency 

transmission is depends on 
onfiguration and control. 

.3 Development of hydrostatic drive transmission 

4) and additional fixed 
isplacement 250cc motor. 

This graph shows the example of the efficiency.  The 
efficiency of hydrostatic 
c

1

Development of hydrostatic drive transmission is done 
by certain institutes and companies. In this paper the 
development in IFAS (Institute for Fluid Power Drives 
and Controls) in Aachen University is introduced for 
example. IFAS have made a test bench of 1MW wind 
turbine. Figure 10 shows the test bench layout. It 
consists of fixed displacement 13200cc pump, 52800cc 
pump(P1 and P2) , and variable displacement 180cc 
motor, 250cc motor, 355cc motor, 500cc 
motor(M1,M2,M3 and M

Figure 11 Configuration of test bench. 

IFAS measured the overall efficiency. Figure 12 shows 
efficiency versus rotor rotation speed and Figure 13 
versus input power. 

d

Figure 12 Overall efficiency versus rotation speed 
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Figure 15 Nacelle configuration with hydrostatic drive 
transmission from ChapDrive in Norway 

Figure 13 Overall efficiency versus input power A reference of hydrostatic drive transmission in wind 
turbine can be seen in Figure 16. 

1.4 Hydrostatic drive transmission in wind turbine 

The low speed pump should be connected to turbine 
rotor directly, and the high speed motor should be 
connected to generator directly. However the pump and 
motor are able to be installed separately. It allows the 
installation of the high speed motor and generator on the 
ground. Figure 14 shows the concept of hydrostatic 
transmission in wind turbine. 

Figure 16 Reference of wind turbine 
Two wind turbines are installed in Norway. Specification 
of one turbine is power 225kW, fixed displacement 
pump 11314cc and variable displacement motor 500cc. 
Specification of another one is power 900kW, fixed 
displacement pump 100529cc and variable displacement 
motor 1000cc. 

1.5 Hydrostatic drive transmission in Current/Tidal 

turbine

Figure 14 Concept of wind turbine 
Main philosophy of current/tidal turbine is the same as 
wind turbine. Flexible mounting opportunities is good 
for easy maintenance and easy installation. Figure 17 
shows the concept with one single turbine tidal turbine.. 

In this configuration, only the low speed pump should be 
installed in nacelle. The weight of fixed displacement 
13200cc pump and 52800cc pump for 1MW wind 
turbine is 2700kg. It is almost 30% of mechanical 
transmission and generator for 1MW. Lower weight on 
top of the tower allows reducing the strength, weight and 
cost of tower. Figure 15 shows the detail of nacelle 
configuration. 
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Figure 17 Concept of single current/tidal turbine 

Figure 18 shows the multi concept where 4 turbines 
together acting against a common centralized 
positioned. 

Figure 18 Concept of multiple current/tidal turbine 

2 Wave generator 

Wave movement usually transfers to movement of buoy 
/float/vane in the wave generator. Buoy/float/vane 
movement transfers to rod movement of hydraulic 
cylinder or rotation of hydraulic winch or others. The 
hydraulic power transfers to a hydraulic motor and 
finally it rotates the generator. The movement of 
buoy/float/vane is alternating. The hydraulic system is 
able to compensate the fluctuation of direction and 
power into a useable range by using accumulator and 
other devices. Figure 19 shows a concept of wave 

generator with a direct coupling of the cylinder. Linear 
Motion to a rotating. Generator via variable motor. The 
concept needs a flywheel and frequency converter. 

Figure 19 Concept of wave generator[2] 

Some simulation and test of hydraulic system was done. 
Figure 20 shows the test bench and measurement. 

Generator 

Figure 20 Test bench and measurement of wave 
generator 

Conclusion 

Merits of Hydrostatic drive transmission in turbine 
generator are bellow. 
-Constant speed to generator without power electronics. 
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-Synchronous generators directly can be fed to grid 
without transformers. 
-Weight and space saving. 
-Flexible mounting opportunities. 
-System reliability. 
-Easily over load protection by limitation of the 
pressure. 
The general solution for wave generator is not appeared 
now. Hydrostatic drive is reliable system and it will be 
good solution of drive system of wave generator. The 
Hydrostatic drive has good opportunity to improve the 
drive technology in Renewable Energy field. 
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ABSTRACT 

This paper presents a hydraulic circuit to ensure safety actuation mechanically. The system includes passive valves for 
safety operation. When the actuation system moves toward intended direction discharged hydraulic fluid from pump 
goes through the proposed passive valves and flows into the actuator cylinder to assist movement of the actuator. 
Consequently, supplied pressure from the pump is correctly loaded to the cylinder. On the other hand, when the 
actuation system moves for unintended direction, relief port to relieve pressure of the actuator is formed and at the same 
time bypass channel from higher pressure side of the pump to lower pressure side of the pump is formed by the 
proposed passive valve. As a result, the supplied flow is bypassed by the valve and pressure of the cylinder is kept on 
lower than the discharged pressure of the pump. Simulations are carried out to evaluate the effectiveness of the circuit.  

KEY WORDS

Hydraulic, Actuator, Failsafe system, Passive valve 

NOMENCLATURE 

AD1, AD2, AP1 : Area of orifice (Spool valves) 
As : Area of spool valve end 
Ac1, Ac3 :  Area of orifice (Check valves) 
Ap :  Area of piston 
a0 : Ratio of cylinder area of rod-side 
 and head-side 
c : Coefficient of discharge 
cS : Damping coefficient of spool valves 
cL : Leakage coefficient 
Ke : Bulk modulus of oil 
kS : Spring constant of spool valves 
mS : Mass of spool valves 
pCL, pCR, pP1L, pP1R ,pD2L, pD2R, pAL, pAR, pBL, pBR,

pa1, pa2 : Circuit pressure of each port 
QD1L, QD1R, QD2L, QD2R, QAL, QAR, QP1L, QP1R, QBL, QBR,
QCL, QCR : Circuit flow of each port 
Qa1, Qa2  : Inflow of cylinder
Qc1, Qc2, Qc3, Qc4
 : Circuit flow of check valves 
QP : Discharge flow of pump 
QL : Leakage flow of piston 

 : Density of oil 
xp : Displacement of piston 
ySL, ySR : Displacement of spool valves 
WBP : Volume of channel near the pump 
Wb1, Wb2 : Cylinder volume of rod-side and 
 head-side 
Wp0 : Cylinder volume of head-side 
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 at neutral position 
WSL, WSR : Total volume of the channel near the  
 spring side of spool valves with the  
 end of spool valves 
WBL, WBR : Volume of channel near the spring 
 side of spool valve 
WBM : Volume of bypass channel 

INTRODUCTION

Hydraulic and pneumatic actuators are used for 
controlling power assisting devices. Those are often used 
for the part where safety is secured by other mechanism. 
In automotive systems, power assisting actuation 
mechanism for steering wheels has been installed to 
assist steering torque. In the system, the steering shaft is 
directly connected with handling shaft to ensure safety 
driving [1], [2]. For this reason, if the power assisting 
system does not work correctly, we can avoid danger by 
overriding the actuator torque with the power of 
ourselves. The system is an example of ensuring safety 
by mechanical system and human power. However, there 
are some systems that cannot be supported by other 
source of power. Considering further applications of 
those actuators, it is necessary to ensure safety by itself. 
Therefore, this paper presents the hydraulic circuit for 
power assisting devices to ensure safety actuation 
mechanically. 

MECHANISM 

This actuation system has a cylinder for power assisting. 
The actuator is initially moved by external force and then 
the assisting movement is followed by the initial 
movement of the actuator. On the contrary, when the 
system moves for unintended direction (fault operation), 
valves connect pump with bypass channel and actuator 
with relief channel at the same time, then the power 
assisting function is invalidated. The system has an 
actuator cylinder and a pump. Figure 1 shows 
relationships between pressure and movement of the  

Correct movement

Velocity

Fault movement

Velocity

Relieved
pressure

Supplied
pressure

Atmospheric
pressure

Figure 1  Pressure of the cylinder 

actuator. In the correct operation, it is necessary to load 
pressure constantly to assist motion of the actuator. 
When we set ordinary relief valves for this actuation 
system, it is impossible to set relief pressure lower than 
the actuation pressure for the correct operation, because 
the supplied pressure from the pump will be loaded also 
in the fault operation. For this reason, it is necessary to 
set up special valves. The valve has two functions, one is 
to load hydraulic pressure to the actuator in the correct 
operation, and another is to relieve pressure from the 
actuator with bypassing hydraulic fluid from delivering 
side to suction side of the pump by the bypass channel. 
Figure 2 shows an actuation system including proposed 
passive valves for safety operation. The system has two 
passive valves and four check valves. In addition, Figure 
3 shows valve unit of the actuation system. The valve 
unit has six ports for controlling hydraulic flow and 
pressure. P1 is a port for supplying fluid from the pump. 
A is a port connected with the actuator cylinder. In the 
correct operation, hydraulic fluid flows from the pump to 
the actuator through the port P1 and A. D2 is a port for 
bypass channel. C and D1 are ports to relieve pressure of 

M

Passive valve

Cylinder

Pump
Passive valve

Figure 2 Schematic configuration of failsafe hydraulic 
 actuation system 

yP1
yD2

yD1

B

A D1

C

D2 P1

dd

Figure 3  Valve unit 
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the actuator. In the fault operation, bypass channel 
through port D2 and relief channel through port C and D1
work as safety systems. B is for the preload port to load 
the same pressure as the actuator to the spool. The 
preload port works to maintain position of the spool. 
Figure 4 shows flow of the actuation system in the 
correct operation. This is an example that the actuator 
moves toward rod-side. Under this condition, supplying 
fluid from the pump comes into the port P1R, and then 
through the port AR of the spool valve unit to the actuator. 
In addition, returned fluid from opposite side of the 
cylinder comes into the port CL of another valve, and 
then through the port D1L of the valve to lower pressure 

M

Passive valve

Cylindera1 a2

c3 c4

c1 c2

BL BRD2L

D1L

P1L

AL

CL
D2R

D1R

P1R

AR

CR

Pump

Figure 4 Flow of the actuation system in the correct  
 operation 

M

Passive valve

Cylindera1 a2

c3 c4

c1 c2

BL BRD2L

D1L

P1L

AL

CL
D2R

D1R

P1R

AR

CR

Pump

Figure 5 Flow of the actuation system in the fault 
 operation 

side of the pump. Consequently, it is possible to load 
appropriate pressure to the cylinder in the correct 
operation. 
On the other hand, Figure 5 shows flow of the actuation 
system in the fault operation. This is an example that the 
actuator moves toward head-side. Under this condition, 
supplying fluid from the pump comes into the port P1R,
and then through the port D2R of the spool valve unit to 
the lower pressure side of the pump. At that time, bypass 
channel from higher pressure side of the pump to lower 
pressure side of the pump was formed. Consequently, the 
actuation system did not produce force for actuation 
under the fault condition. 

SIMULATION SETTINGS 

Figure 6 shows direction of hydraulic flow and pressure 
of the actuation system. Positive direction of the fluid 
flow is indicated by the arrow in the Figure. Moreover, 
black circles indicate connecting points of the path. We 
set displacement of the piston xp, and displacement of the 
passive valve elements ySL and ySR, where the neutral 
position of the piston correspond to xp=0. And 
displacement ySL=0 and ySR=0 correspond to the position 
that springs of spool valves are extended. 
Fluid flow at port D1L and D1R are calculated from 
following equations, 

LDCL
LDCL

SLDLD pp
pp

yAcQ 1
1

11 sign
2

)(  (1) 

RDCR
RDCR

SRDRD pp
pp

yAcQ 1
1

11 sign
2

)(  (2) 

M

QL

Qa2Qa1

xp

Qc2Qc1

Qc3 Qc4

pCL pCR

QBL
QBRQD2L

QD2R

QD1R
QD1L

QP1L QP1R

QAL QAR

QCL QCR

pa1 pa2

pAL pAR

pp1L pp1R

pD1RpD1L

Qp

ySL ySR

Figure 6 Definition of hydraulic flow direction 
 and pressure of the actuation system 
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where c is coefficient of discharge,  is density, AD1(ySL)
and AD1(ySR) are the area of orifice relative to the 
displacement of the spool valves. Fluid flow at port AL
and AR are shown as follows: 

ALLP
ALLP

SLPAL pp
pp

yAcQ 1
1

1 sign
2

)(  (3) 

ARRP
ARRP

SRPAR pp
pp

yAcQ 1
1

1 sign
2

)(  . (4) 

Where AP1(ySL) and AP1(ySR) are the area of orifice 
relative to the displacement of the spool valves. By the 
same way, fluid flow at port D2L and D2R are given as 
follows:  

LDLP
LDLP

SLDLD pp
pp

yAcQ 21
21

22 sign
2

)(  (5) 

RDRP
RDRP

SRDRD pp
pp

yAcQ 21
21

22 sign
2

)( .(6) 

Where AD2(ySL) and AD2(ySR) are the area of orifice 
depending on the displacement of the spools. Fluid flow 
at port P1L and P1R are sum of the fluid flow at port A and 
D2

LDALLP QQQ 21  (7) 

RDARRP QQQ 21  . (8) 

Check valves are set up from the valve and spring, for 
this reason, fluid flow of the valve are calculated from 
equations (9) to (12). 

CLAL
ccc

pp
yAcQ

2
)( 111  (9) 

CRAR
ccc

pp
yAcQ

2
)( 212  (10) 

LPRD
ccc

pp
yAcQ 11

333

2
)(  (11) 

RPLD
ccc

pp
yAcQ 11

434

2
)(  . (12) 

Where Ac1(yc*) and Ac3(yc*) are the area of orifice 
depending on the state of the check valves. Inflow of 
cylinder at rod-side and head-side are as follows: 

LDca QQQ 111  (13) 

RDca QQQ 122  (14) 

Swept volume at the spring end of the spool valve are 

SLSBL yAQ  (15) 

SRSBR yAQ  . (16) 

Supplied pressure from the pump pp1L and pp1R are 

dtQQQ
W
Kp LpcP

BP

e
Lp 131  (17) 

dtQQQ
W
Kp RpcP

BP

e
Rp 141  (18) 

where Ke is modulus of elasticity of volume, WBP is 
channel volume near the pump; Qp is discharge flow of 
pump. Inflow of bypass channel is same as the fluid flow 
at port D1L and D1R,

LDCL QQ 1  (19) 

RDCR QQ 1  . (20) 

Acceleration of spool valves are as follows: 

SSLSSLSBLCLSSL mykycppAy  (21) 

SSRSSRSBRCRSSR mykycppAy  . (22) 

Where ms, cs and ks are mass, damping coefficient and 
spring constant of the spool valve. Pressures of the 
cylinder are 

dtQxAaQ
xW

Kp Lppa
pb

e
a 01

1
1 )(

 (23) 

dtQxAQ
xW

Kp Lppa
pb

e
a 2

2
2 )(

 . (24) 

Where a0 is a ratio between pressure receiving area of 
rod-side and head-side of the cylinder, QL is leakage flow 
of the piston due to the gap between cylinder and piston 

)( 21 aaLL ppcQ  . (25) 

Volume of the cylinder of rod-side Wb1, and volume of 
the cylinder of head-side Wb2 are shown in equations  

ppppb xAaWaxW 0001 )(  (26) 
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ppppb xAWxW 02 )(  . (27) 

Pressure of the channel of spring side of the proposed 
valves are as follows: 

dtQQQ
yW

Kpp cBLAL
SLSL

e
ALBL 1)(

 (28) 

dtQQQ
yW

Kpp cBRAR
SRSR

e
ARBR 2)(

 (29) 

where WSL and WSR are total volume of the channel near 
the spring side of spool valves with the end of spool 
valves 

SLSBLSLSL yAWyW )(  (30) 

SRSBRSRSR yAWyW )(  . (31) 

Pressure of the bypass channel is 

.321

4211

dtQQQ

QQQ
W
Kp

cRDRD

cLDLD
BM

e
LD  (32)

Where WBM is the volume of bypass channel. Pressures 
of the port connected with the bypass channel are the 
same as the pressure pD1L

LDRDLDRD pppp 1221  . (33) 

Parameters for simulation are listed on Table 1. This 
setting is used to verify fundamental operation of the 
proposed passive valves under the correct operation and 
the fault operation. 

SIMULATION RESULT 

We set two conditions for the simulation. One is the 
correct operation and another is the fault operation. In 
addition, the time, we set the actuator forced to move 
toward the correct and fault direction to emulate 
conditions that the actuator moves to the commanded 
direction and unintended direction. Simulation results of 
correct operation are shown in Figure 7. The top Figure 
shows displacement of the actuator. In this Figure, 
positive displacement means shrinking. Therefore the 
actuator forced to shrink from two to 12 seconds and to 
return toward neutral position from 17 to 27 seconds, 
under this setting. The middle Figure shows hydraulic 
flow from the pump. In the Figure, positive flow of the 
pump corresponds to supply hydraulic fluid to head-side 
of the actuator. Under this setting, the pump discharges 
hydraulic fluid toward rod-side of the actuator from two 
to 12 seconds, and then after the 5-second stop, the pump 
discharges hydraulic fluid toward head-side of the 
actuator from 17 to 27 seconds. The bottom Figure 

Table 1  Parameters for simulation 

Parameters Symbol Value Unit 
Atmospheric pressure psa0 100 kPa 
Pressure of discharge side of pump  psb0 4000 kPa 
Density of oil 860 kg/m3

Bulk modulus of oil Ke 1.6 GPa 
Coefficient of discharge c 0.7  
Diameter of spool valve ds 27.0 mm 
Mass of spool valve ms 0.245 kg 
Spring constant of spool valve ks 1.981 N/mm 
Damping coefficient of spool valve cs 300.0 Ns/m 
Diameter of spool port dd 8.0 mm 
Overwrap of spool port D1 yD1 6.5 mm 
Overwrap of spool port P1 yP1 0.0 mm 
Overwrap of spool port D2 yD2 1.5 mm 
Diameter of actuator piston dp 40.0 mm 
Ratio of cylinder area of rod-side and head-side a0 0.68  
Leakage coefficient CL 0.0 (L/min)/(kgf/cm2)
Volume of channel near the pump WBP 100.6 cm3

Volume of bypass channel  WBM 158.5 cm3

Volume of channel near the spring side of spool valve WBL 31.7 cm3
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Figure 7  Correct operation 
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Figure 8  Fault operation 

shows pressure of the actuator cylinders. Continuous line 
corresponds to pressure of rod-side of the cylinder. In 
addition, dotted line corresponds to the pressure of 

head-side of the cylinder. As shown in this Figure, 
discharged hydraulic fluid goes through the proposed 
passive valves and flows into the actuator cylinder to 
assist actuator motion. Consequently, supplied pressure 
is correctly loaded to the cylinder under this condition.  
On the contrary, simulation results of fault operation are 
as shown in Figure 8. Specifications of lines are same as 
that of the Figure 7. Under this setting, discharging 
direction of the pump is same as the correct operation. 
By contrast, direction of the actuator displacement is 
opposite from the setting of the correct operation. The 
bottom Figure shows pressure of the actuator cylinder. 
As shown in this Figure, surging response is inevitable at 
the transition time instantaneously. However, except for 
the transitional period, pressure of the cylinder is kept on 
lower than the discharged pressure of the pump at the 
condition. At that time, bypass channel from higher 
pressure side of the pump to lower pressure side of the 
pump is formed by the proposed passive valve. As a 
result, the supplied flow is bypassed by the valve and 
pressure of the cylinder is kept on lower than the 
discharged pressure of the pump. Consequently, the 
actuation system did not produce force for actuation 
under the fault condition. In addition, it is possible to 
ensure safety operation by using the proposed passive 
relief valve. 

CONCLUSION 

In this paper, we studied hydraulic circuit for power 
assisting devices to ensure safety actuation. Two passive 
valves are installed in this system. When the actuation 
system moves toward intended direction, supplied 
pressure from the pump is correctly loaded to the 
cylinder to assist movement of the actuator. On the 
contrary, when the actuation system moves for 
unintended direction, the supplied flow is bypassed by 
the valve and pressure of the cylinder is kept on lower 
than the discharged pressure of the pump. Simulation 
results show that the actuator works just as intended both 
in the correct operation and the fault operation. 
Consequently, it is possible to ensure safety operation of 
power assisting devices by using the proposed passive 
valve. 
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ABSTRACT 

In this paper, a hydraulic save-energy driven system is built by using a variable displacement hydraulic motor
without the swashplate angle feedback. It can change the output torque suitably in accordance with the demand of the 
external load torque by adjusting the motor’s swash plate to achieve the objective of high control and low power 
consuming. Furthermore, a self-tuning fuzzy sliding mode controller is developed in this study to add the control 
accuracy and performance under the external variable load. In order to verify the feasibility of the control systems, the 
dynamic simulation and experiments are implemented respectively. From the result  the control system has very good 
performance. 

Keywords 

Hydraulic secondary control, Variable displacement hydraulic motor, Fuzzy sliding mode control. 

INTRODUCTION

Hydrostatic drives are used in mobile, industrial and 
aircraft applications when typical advantages such as a 
high power density, good controllability, flexibility in the 
system set-up, the efficient and easy generation of linear
movements (especially under high forces) and the 
excellent dynamic performance give this kind of drive 
technique a clear advantage over electrical or mechanical 
solutions. This kind of the hydrostatic drives control is 
divided into resistance and displacement control. 
Resistance-controlled drives use a control valve or
servo-valve in the main circuit thus inducing losses by 
throttling. These losses lead to oil heating and must be 
considered as an irreversible loss, decreasing the system 
efficiency. These losses can be avoided using 
displacement control. To reduce energy consumption, 
one hydraulic pressure energy-saving transmission, 
secondary regulation hydrostatic transmission 

technology, is adopted in industrial. This technology is 
the regulation on the secondary component that makes 
conversion between hydraulic pressure energy and 
mechanical energy in the constant voltage network [1]. 
Regulation on torsion and rotate speed of load is realized 
through changing the displacement of the secondary 
component. 

If a load change occurs, the secondary control reacts 
immediately by accelerating or decelerating the process, 
thus maintaining a constant speed. And, in the system 
with secondary control there is almost loss-free 
conversion of hydraulic energy into mechanical energy 
and of mechanical energy into hydraulic energy. 

In this paper, a secondary-regulating hydrostatic 
transmission system without the swashplate angel 
feedback is built. A self-tuning fuzzy sliding mode 
control strategy is designed to execute the speed control 
under the external variable load.
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THE BASIC THEORY AND MATHEMATIC 

MODEL OF SECONDARY REGULATION 

(1) The organization of the proposed system  

There are two types of hydraulic power supply, 
which are constant flow system with volume invariability 
and constant pressure system with volume regulable. 
There are also two types of control way for hydraulic 
executors, which are restriction control and displacement 
control. It will be four types of hydraulic system by 
assembling the two types of power supply and two types 
of control way. The secondary regulation technology is 
the type assembled by constant pressure power supply 
and displacement control. 

The traditional organization of the secondary 
regulation transmission control is showed in Figure 1(a). 
The displacement of the secondary unit is controlled by 
the variable cylinder to change its slope angle with the 
swashplate angle feedback, the movement of variable 
cylinder is controlled by servo valve, changing the slope 
angle can change the displacement of the secondary unit, 
and can control the position, rotation rate and torsion, etc. 
However, under cost consideration the variable 
displacement hydraulic motor without the swashplate 
angel feedback is developed and built. Its organization is 
shown as Figure 1(b). The slope angle of the swashplate 
is modified through the designed controller and the only 
speed sensor. 

J
ML,y

d

J

(a)                    (b) 
Figure 1 The secondary regulation system 

(a) with the swashplate angel feedback
   (b) without the swashplate angel feedback 

(2)The Mathematic Model of the variable 

displacement hydraulic motor system 

The scheme of speed control system of the variable 
displacement hydraulic motor is shown in Fig. 2. The 
hydraulic variable motor is driven and controlled by 
regulating the piston stroke. The dynamic equations of 

the variable hydraulic motor are derived as follows. 

p

p

p

x
x
x

1Q 2Q

0tP0tP
.sP const

.sP const

0tP

ilQ

vx

J

dT

Figure 2 The scheme of speed control system of the 
variable displacement hydraulic motor.

The hydraulic variable motor is driven and 
controlled by regulating the piston stroke. The dynamic 
equations of the variable hydraulic motor are derived as 
follows. The dynamic equation of the spool displacement 
of a servo valve can be described by a first-order 
dynamic equation and the transfer function of the spool 
of the servo valve can be written as 

1 v
v v

v v

Kx x u
T T

   (1) 

Where Kv Tv are separately expressed the gain of servo 
valve and the time constant of the servo valve.  

Servo-valve linearization flow equation is,

1 ( )L q v v L sQ K x sign x P P     (2) 

Where QL , Kq , x v, Ps and PL are separately expressed 
load flow, flow gain, variety hydraulic cylinder 
displacement, flow-pressure coefficient, load pressure. 

Hydraulic cylinder continuity flow equation is,

4
t

L t L p p L
e

VQ C P A x P
   (3)  

Where AP, Ct, Vt and e are separately expressed 
variety hydraulic cylinder area, variety hydraulic 
cylinder whole leak coefficient, whole compress volume, 
oil volume module. 

Hydraulic balance equation between output power and 
load is, 

L p L p p p p p pP A F B x K x m x    (4) 

Where mp , Bp , Kp and FL are separately expressed piston 
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mass variety hydraulic cylinder, stickiness damping 
coefficient of piston and load, load spring rate, random 
external load. 

The displacement of the variable hydraulic motor is 

max

max

g
g p

p

V
V x

x
   (5) 

Where Vg Vgmax xpmax are separately expressed the 
displacement of the variable hydraulic motor , the 
maximum displacement of the variable hydraulic motor 
and maximum position of the regulating piston. 

The output torque of the variable hydraulic motor can be 
expressed as 

max

max2
s g

p
p

PV
M x

x
    (6) 

The torque balance equation for the Motor can be 
expressed as 

max

max2
s g

t m p d
p

PV
J B x T

x
   (7) 

Where Ps  Jt Bm Td are separately expressed 
pressure of the constant pressure network, secondary unit 
rotation inertia, motor speed, coefficient of damping, 
random load torque. 

LAYOUT OF THE EXPERIMENTAL DEVICES 

The layout of the experimental devices for the speed 
control system of the variable displacement hydraulic 
motor system is shown in Figure 3. The motor is pushed 
by constant pressure power supply. The displacement of 
the motor is controlled by the variable cylinder to change 
its slope angle, the movement of variable cylinder is 
controlled by servo valve, changing the slope angle can 
change the displacement of the secondary unit, and can 
control rotation rate. For the rotation rate feedback, a 
encoder with 1024 pulse/rev resolution is employed. A 
microcomputer acts as a controller and is used for the 
experimental data acquisition. The rotation rate of the 
motor is measured by a encoder and feedback to the 
computer through the data acquisition and control board. 
The control input signal is calculated in the 
microcomputer through the designed software and set to 
the proportional control valve by the D/A capability of 
the data acquisition and the control card. So that the oil 
mass flow rate can be regulated and the pressure 
difference of the cylinder can be built up to drive the 
cylinder. Therefore, the swashplate can move toward the 
target position. Then, in order to test the robust of 
building variable displacement hydraulic motor system, a 
variable torque load system consists of a oil pump and a 

pressure control valve is used to make the load torque for 
variable displacement hydraulic motor. The variable 
torque is generated by the variable command signal to 
the pressure control valve. Two pressure sensors set up 
on the inlets of the torque simulator are used to measure 
the pipe pressures. The measured pressure signals will be 
amplified and transferred by interface card, and stored in 
the PC. 

J

Figure 3 The layout of the experimental devices for the 
speed control system of the variable displacement 

hydraulic motor system.

CONTROLLER DESIGN 

To obtain the better transient and steady-state response at 
the same time, in this study a self-tuning fuzzy sliding 
mode controller (SFSMC) is designed, and is applied to 
execute the precise control. Besides, a dead-zone 
compensator is designed to compensate the dead zone of 
the system and to reject the external load, respectively. 
Those compensation signals are added directly the 
designed controller to raise the positioning precision and 
the robustness of system. The block diagram of the 
pneumatic control system is shown in Figure 4. 

 (1) Self-tuning fuzzy sliding mode control ( SFSMC) 

Fuzzy control theory was combined with sliding 
mode control theory in the study to control the variable 
displacement hydraulic motor system. The structure of 
the fuzzy control includes four parts: fuzzification 
inference, knowledge base, decision logic and 
defuzzification. In the article, Mamdani control rules and 
maximum-minimum algorithm are applied, and the 
“center of the gravity” method is used to defuzzify and to 
get the accurate control signal. For sliding mode control, 
the sliding surface S and the change of sliding surface dS
are defined as 
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Figure 4  Block diagram of the control system. 

)()()( kekdekS ,                  (8)  

( ) ( ) ( 1),dS k S k S k                     (9) 

where e(k) is the error, de(k) is the change of error and 
 is the slop of sliding surface S.  

The variables )(kS , )(' kdS  and )(kU  are 
chosen to be the two inputs and one output of the fuzzy 
controller, respectively. The variables )(kS and )(' kdS
are defined by 

( ) ( )S k S k Ge ,       (10) 

( ) ( )dS k dS k Gv ,                     (11) 

where Ge  and Gv  are the scaling factors of sliding 
surface and change of sliding surface. The control output 
signal ( )fsmcu k  is defined as:  

( ) ( ) ( )fsmcu k U k Gu k ,                   (12) 

where )(kU  and )(kGu  denote the controller output 
and the output scaling factor of the controller at time 
instant kT. In this paper, the triangular membership 
function is applied to define the fuzzy sets of the inputs 
and the output, as Figure 5 illustrated. Three linguistic 
fuzzy sets are applied for the input and output variables. 
The control rules are illustrated in Table 1. The 
“max-min” and “center of gravity“ methods are adopted 
for fuzzy inference logic and defuzzification algorithm. 

For the conventional fuzzy inference, its control 
parameters as rules table, scaling factors and 
membership functions are usually obtained by 
trial-and-error method. The method is time-consuming 
and difficult to obtain the optimum parameters. And, the 
conventional controller has not the adaptive resource to 
supervise and modify its control parameters to reject the  

ZE PBNB NS PS

0-1 1 USdS ,,

Figure 5 Membership function of )(kS , )(' kdS  and 
)(kU .

Table 1 Fuzzy reasoning rules. 
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disturbance. Therefore, in this paper the output scaling 
factor Gu(k) of fuzzy sliding mode controller is tuned 
on-line by a real-time gain updating factor (k) to raise 
the positioning precision and robustness of the control 
system. The new scaling factors are modified by 

( 1) ( ) (1 ( ))Gu k Gu k k ,           (13) 

where (k) is the real-time gain factor. The value of 
real-time gain factor (k) is computed on-line using a 
model independent fuzzy rule-base defined by error and 
change of error of the controlled variable. The most 
important point to note is that real-time gain factor is not 
dependent in any way, on any process parameter. The 
value of real-time gain factor depends only on the input 
variable of controller at the sampling instant. The 
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membership functions for input variables e(k) and de(k)
and output variable (k) are shown in Figure 6. The 
membership function for (k) is also a triangular type 
and the rule-base in Table 2 is used for the computation 
of (k). 

ZE PBNB

0 -1 e, de1 0 -0.25

ZE PBNB

(a) (b)
0.25

Figure 6 (a) Membership function of e(k) and de(k). 
(b) Membership function of (k).

Table2 Rule table of real-time gain factor
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 (2) Dead-zone compensations

Finally, in order to avoid the dead-zone of the 
system, a dead-zone compensator is designed. The 
algorithm of dead-zone compensator is expressed by the 
following equations: 

( ) ( ) , 0
( )

( ) ( ) , 0
fsmc pd fsmc

sv
fsmc nd fsmc

u k u k if u
u k

u k u k if u
   (13) 

where usv is the real driven signal after 
compensation upd is the positive compensation signal of 
dead-zone and und is the negative compensation signal of 
dead-zone. The signal usv is shown as Figure 7 illustrated 

Figure 7 The real driven signal usv after compensation.

SIMULATION RESULTS 

The tracking control system of the variable 
displacement hydraulic motor has been described. The 
time responses of the speed control of the motor under 
variant load torque are simulated. The parameters of the 
variable displacement hydraulic motor are illustrated in 
Table 3. Simulation and results are shown as follows: 

Table 3 Parameters of the variable displacement 
hydraulic motor

Parameter Value

pA

maxpx

maxgV

tJ

mB

sP

tP

maxoQ 10.2 L/min

0.0142 m

40 c.c/rev

0.01 N-m-s/rad

0.065 kg-m2

100 barSupply pressure

Moment of Inertial

Parameter

Return pressure

Viscous friction 
coefficient

Maximum motor
Displacement

Cylinder piston area 

Maximum cylinder 
stroke

Maximum no-load 
servo-valve flow-rate

0 bar

8.1×10-4 m2

(1) Step input 

In the simulation, the reference input is set to be 
1200 rpm and a sudden load torque 20 N-m is acted from 
the time 4 to 8 s. Time response of the system with step 
input is shown in Fig. 8. The simulation results have 
shown that the speed of the motor can be adjusted to the 
steady state value very quickly under the loading effect.
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Figure 8 Time response of the system with step input. 
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(2) Square wave speed tracking 

In order to prove the robustness of the control system, the 
speed tracking of a square wave is performed. The 
amplitude range of the desired speed is ±1200 rpm. The 
load torque of the sine wave is acted during control. The 
amplitude range of the load torque is 20 Nm and the 
frequency of the sine load torque is 1 Hz. Fig. 9 shows 
the time responses of Square wave speed tracking of 
variable displacement hydraulic motor. The control 
system still has the good responses under variable input 
command and load torque.    
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Figure 9 Time response of the system with square wave 
speed tracking. 

EXPERIMENTAL RESULTS 

With the same control conditions, the experiments have 
been performed. The control characteristics of the system 
are shown in Figure10 to Figure11. The experimental
results and simulation results are very match.  From the 
experiment curves, the speed of the variable 
displacement hydraulic motor can be controlled to a little 
error range under variable input command and load 
torque. The steady state errors are within 50 rpm.

CONCLUSIONS

In the paper, a variable displacement hydraulic motor 
without position feedback of regulating cylinder is built. 
A self-tuning fuzzy-sliding control method is applied to 
control the speed of the motor successfully. From the 
experimental results, one can make conclusions as 
follows: 
(1) The speed of the motor can be adjusted to the steady 

state value very quickly under the loading effect.The 
robustness of the control system is very good under 
such a design controller. 

(2) The control accuracy of the motor is always under 50 
rpm, i.e. the control performance is satisfactory. 
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Figure10 The experimental results for step input.
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Figure11 The experimental results for square wave speed 
tracking. 
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ABSTRACT 

This paper is to propose a new type of excavator - electric excavator (ELEX) - with energy saving capacity using six 
quasi independent electro-hydraulic actuators (EHAs). The quasi-independent configuration minimizes hydraulic 
interferences among the actuators and losses which occur in HYEXs. In addition, the potential energy accumulated at 
"up" positions can be recuperated and converted into electric energy when the boom/arm/or bucket goes down, 
respectively. Kinetic energy of the upper slewing body also can be recovered and converted into electric energy when a 
slewing stop happens. A 5-ton excavator including a hybrid boom system (HBS) is analyzed, developed as an 
experimental ELEX (EELEX) with its validation model for evaluating the proposed ELEX. A control strategy for the 5 
ton EELEX is built to operate the machine to follow desired performances. Performance of the EELEX is clearly 
verified through simulations and experiments in comparison with the conventional 5 ton HYEX. 

KEY WORDS

Hydraulic excavator, Electric excavator, Electro-hydraulic actuator, Energy saving, Control 

NOMENCLATURE 

de(t) : Derivation of error
e(t) : Error between the desired and current speed
Igenerated : Generated current [A] 
Isupplied : Current supplied from main electric power 

[A] 
Kp,Ki,Kd : Proportional, Integral, Derivative gains 
Pelec : Electric power supply [W] 
Pgen : Generated electric power [W] 
Plost : Lost power [W] 
Ppot : Potential power [W] 
Rbreaking : Breaking resistor 
tfinish : Simulating time [s]
Tgenerated : Generated torque [Nm] 
Tm : Torque of the electric motor [Nm] 
Tm1, Tm2 : Torque generated by the CBS fixed and 

variable pumps [Nm]
Ugenerated : Generated voltage [V]
Usupplied : Voltage supplied from the main electric power 

[V] 
uPID : Control signal for the electric motor

generated : Generated angular velocity [rpm]  
m : Angular velocity of the electric motor [rpm]

 INTRODUCTION

Nowadays with the high fuel prices, demands for energy 
saving and green emission of construction machineries, 
without sacrifice of working performance, safety and 
reliability, especially for hydraulic excavators (HYEXs), 
have been highly increased. Hydraulic systems are 
indispensable components of many modern work 
machines. Excavators are subjected to large variations 
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in workloads while repeating high work load operations, 
such as excavation, and low work load operations, such 
as leveling. In a conventional HYEX, hydraulic power, 
corresponding to the maximum workload, is always 
supplied from a pump and excessive power is dissipated 
as heat. In addition, potential and kinetic energies at the 
times of lowering and slewing stoppage of the excavator 
are also dissipated as heat. Hence, reductions of energy 
consumption and pollution become necessary and 
urgent demands. And hybrid electro-hydraulic vehicles, 
especially hybrid construction machines, are feasible 
solutions [1-5]. However, performances of these 
machines in comparison with corresponding 
conventional machines have been not much considered. 
This paper proposes one effective solution for excavator 
design - electric excavator using EHAs. In this ELEX, it 
is recognized that the EHAs consume less energy than 
conventional hydraulic valve-controlled actuators. In 
addition the potential energy derived from gravity of the 
EHAs with/without working loads during their 
operations may be stored and later returned to the 
system as needed. A 5-ton experimental excavator with 
a modification - hybrid boom system was then 
implemented for validating the performance of the 
proposed ELEX. Based on the EELEX structure and 
working conditions, a control strategy was designed to 
control the HBS with high working efficiency and 
energy saving capacity. Simulations and practical 
experiments have been then carried out to investigate 
the efficiency of the proposed EELEX machine. 

ELECTRIC EXCAVATOR (ELEX) 

Design concept for ELEX 

In the literature, several structures of hybrid excavators 
have been proposed. For example, in a series type of 
hybrid excavators as shown in Fig. 1a [2-3], all power 
generated by an engine is converted into electric energy 
by a generator, and this energy is converted again into 
mechanical power by electric motors to drive hydraulic 
pumps. Since hydraulic lines of the boom system are 
separated, the boom potential energy can be recuperated. 
In addition, the swing actuator is driven by an electric 
motor. As a result, a recuperation of regenerative power 
in this system is also possible. A storing system 
including capacitors and a battery is charged when load 
power is light or the swing and boom systems are 
operated in regenerative mode. On the contrary, the 
storing device is discharged when load power is heavy. 
In another design of hybrid excavators as a parallel type 
shown in Fig. 1(b) [3-5], the engine and actuators are 
directly connected to each other by mechanical shafts or 
hydraulic lines. Here, the engine speed should be 
decided by the speed that hydraulic pump requires, and 
the recuperation of regenerative power at the swing 
actuator is impossible. Thus, in the parallel type, less 
improvement of fuel economy is expected than in the 

series type. But the generator does not need to have the 
same capacity as the engine, so it can be designed 
smaller than that in the series type. As a result, the 
additional cost for the hybridization as the parallel type 
is much less than that of the series type. 
From above analyses, the new electric excavator is 
suggested in this paper. Configuration of the suggested 
electric excavator is suggested as shown in Fig. 1c. The 
ELEX comprises six quasi-independent EHAs [6] 
driven by electric motor/generators and pumps which 
represent for the swing, left traveling, right traveling, 
boom, arm and bucket system. Therefore, the 
quasi-independent configuration of the ELEX 
minimizes hydraulic interferences among the actuators 
and losses which occur in conventional excavators [6]. 
With the suggested excavator design, the boom/arm/or 
bucket cylinder is driven by a closed system comprising 
an EHA, so that potential energy accumulated at "up" 
positions can be recuperated and converted into electric 
energy via the hydraulic motor and the generator when 
the boom/arm/or bucket goes down, respectively. The 
slewing motions are driven by an electric motor, instead 
of a hydraulic actuator. Consequently, kinetic energy of 
the upper slewing body can be recovered and converted 
into electric energy when a slewing stop happens. 
Power source of the ELEX is an external battery and 
capacitors inside motor drivers of the EHAs. To realize 
the energy saving capacity of the excavator, the internal 
capacitors stores the electric power generated by the 
potential energy or kinetic energy. The battery is 
automatically recharged when the amount of generated 
electric energy is more than the capacitor capacity. 
Experimental electric excavator (EELEX) 

To verify the effectiveness of the ELEX design idea 
suggested in the previous section, the 5 ton 
experimental electric excavator was analyzed and 
re-fabricated from a 5-ton hydraulic excavator. Here, the 
EELEX is a combination of the HYEX using a 
conventional boom system (CBS) and a hybrid boom 
system (HBS). The integrated HBS-CBS circuit is 
depicted in Fig. 2. 

Figure 1(a) Series type of hybrid excavator 
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Figure 1(b) Parallel type of hybrid excavator 

Figure 1(c) Proposed electric excavator 

Figure 2 Integrated control circuit for HBS and CBS 

In this figure, the HBS is depicted as the ‘green’ block. 
The boom cylinder can be driven in both directions by 
the electric motor/generator combined with the 
bi-directional hydraulic pump/motor and the hydraulic 
control circuit. In this circuit, a 3/3 solenoid valve with 
a proportional pressure relief valve were installed to 
distribute flow lines. In addition, a proportional orifice 
valve was employed in the HBS to adjust the boom 
down speed. In order to make the load holding function 
for the boom cylinder, an orifice cartridge valve was 
used and connected between the port of the cylinder 
large chamber and one port of the pump/motor. The 
combined HBS-CBS circuit was designed to be 
controlled with a user-interface program from a PC. It 
helps the user can easily switch the excavator from 
using the CBS to using the HBS and vice versa by using 
two solenoid 3/2 switching valves (S1 and S2). The 
excavator works as the HYEX when these valves are 
OFF. On the contrary, the excavator works with the 
hybrid boom system. Based on the circuits proposed in 
Fig. 2, components needed to construct the system were 
chosen to satisfy the working requirements of the 
EELEX. Subsequently, the specifications and setting 
parameters for the integrated HBS-CBS boom system 
are listed in Table 1. 

CONTROL STRATEGY FOR BOOM SYSTEM

Working principle 

Conventional boom system
In case of ‘Boom Up’ mode, the signal P2 is high 
pressure (at that time, P1 = 0) and sent to the control line 
Pb on the right hand side of the 4/3 main control valve. 
As a result, hydraulic oil is pumped from the main 
pump system to the boom cylinder large chamber to 
cause it to extend. 
On the other hand, with a rising pressure of P1 (at that 
time, P2 = 0), the main supply oil line is connected with 
the cylinder small chamber, consequently, causing the 
cylinder to retract. It is called ‘Boom Down’ mode of 
the CBS. 
Hybrid boom system 
The HBS operation is divided into four modes: ‘Boom 
Up’, ‘Boom Slow Down’, ‘Boom Fast Down’, 
‘Digging’ mode. 
a) Mode 1 - ‘Boom Up’ mode 
In this mode, the electric motor/generator works as an 
electric motor while the hydraulic pump/motor 
functions as a bi-directional hydraulic pump. The motor 
generates the speed and torque for the hydraulic pump 
in the direction to supply the high pressure oil (P4) into 
the cylinder large chamber. The motor speed affects 
directly the cylinder moving speed. The pump inlet flow 
with low pressure (P3) is from the low pressure lines 
connected from the cylinder small chamber and the tank. 
The orifice cartridge with the holding function only 
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allows the flow to get into the cylinder large chamber 
which causes the boom to move up.  
b) Mode 2 - ‘Boom Slow Down’ mode 
Here, the electric motor/generator functions as an 
electric generator while the hydraulic pump/motor 
becomes a hydraulic motor. Because of gravity of the 
boom with or without load, the boom is automatically 
lowered, consequently, converting the potential energy 
generated during the ‘Boom Up’ mode into mechanical 
energy by the hydraulic motor. The mechanical power is 
then converted into electric energy and stored in the 
battery by the generator. In order to increase the energy 
saving capacity in this mode, the line connected from 
the hydraulic motor to the cylinder small chamber needs 
to be a low pressure line (P3) as the tank with 
atmospheric pressure. Hence, setting pressure of the 
proportional relief valve is set to zero while the orifice 
of the flow control valve is closed. The generated 
electric power (Pgen) can be calculated as 

[ ]generated generated generated pot lostP U I P P W   (1) 

c) Mode 3 - ‘Boom Fast Down’ mode 
Contrary to mode 2, in this case the electric 
motor/generator works as the electric motor while the 
hydraulic pump/motor works as the hydraulic pump 
when the boom cylinder is commanded to retract fast. 
The piston is retracted by both the potential energy and 
power supplied from the motor which runs in the 
direction to lower the boom. Therefore, the hydraulic 
line from the cylinder large chamber to the pump is a 
low pressure line (P4) while the line connecting between 
the cylinder small chamber and the pump has high 
pressure (P3). Moreover, control signals are sent to the 

proportional relief valve and the flow control valve to 
set the relief pressure and the orifice area, respectively, 
proportional to the given joystick command. The input 
power (Pm) for the electric motor to cause the boom to 
lower is taken from the main power supply and the 
potential energy as: 

* * * [ ]m m m elec pot lostP T P P P W   (2) 

d) Mode 4 - ‘Digging’ mode 
In this mode, the electric motor generates the torque and 
speed for the pump to supply high pressure oil (P3) to 
the small chamber of the boom cylinder (as in mode 3). 
An electric control signal (S6) is sent to the solenoid on 
the right hand side of the control valve which is 
opposite energizing side when compared to the 
energizing side of the control valve in the modes from 1 
to 3. The return line from the cylinder large chamber to 
the pump inlet port is then connected to the tank 
through the proportional relief valve with a small setting 
pressure and it becomes a low pressure line. Therefore, 
the different volume between fluid in the large chamber 
and in the small chamber is returned to the tank to make 
a balance of fluid lines.  
To make the HBS to be automatically switched between 
its operating modes to satisfy the driver commands, a 
control strategy was necessary and designed as 
presented in Fig. 3. 
Motor speed control 

In order to ensure that the motor as well as the boom 
cylinder can follow the desired speed, an 
auto-adjustable proportional-integral-derivative (PID) 
controller, was applied to control the motor speed. The 
control signal for the electric motor (uPID(t)) can be then 

Table 1. Specifications and setting parameters of the modified boom system 

Modified Boom System Parameters Values

Common Parts Boom 
Cylinder 

Piston diameter (mm) 110
Rod diameter (mm) 60
Length of stroke (m) 0.72

Conventional Boom 
System 

Engine Speed (rpm) 2300
Main pump Variable displacement (cc/rev) 16+2x25
Servo pump Fixed displacement (cc/rev) 4.5

Control Valve Ports/Positions (Hydraulic control) 4/3
Relief valve Relief pressure (bar) 210

Hybrid Boom System 

Brushless servo motor 
(MPP2308P) 

Input voltage (VAC) 400
Rated speed (rpm) 1805
Rated torque (Nm) 73.757

Breaking resistor Resistance (Ohm) 27
Bi-directional Displacement (cc/rev) 45
Relief valve Relief pressure (bar) 320

Proportional Relief valve Relief pressure (bar) 0~315
Proportional Percentage of maximum 0~100

Main Control Unit 
(MCU) 

PC Intel CoreTM2 duo 2.4GHz
PCI 1711 Advantech multifunction card A/D
PCI 1720 Advantech multifunction card D/A
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expressed as: 

0

t

PID p i d

de t
u t K e t K e t dt K

dt
  (3) 

To make the controller more adaptive, the PID gains 
need to be switched corresponding to the working 
conditions. Hence, a switching algorithm using a 
learning vector quantization neural network (LVQNN) 
was proposed and designed in this paper. The LVQNN 
was constructed by a hidden competitive layer and a 
linear output layer. The LVQNN estimates the PID gains 
based on the current working mode of the boom which 
are determined by the pressure sensor signals from the 
joystick (P1, P2) and from the HBS circuit (P3, P4). The 
detailed design process as well as training process of the 
switching algorithm was referred from the previous 
research [7]. As a result, the control scheme for the 
motor speed tracking task is depicted in Fig. 4. 
For each of the HBS working mode, a set of the PID 
gains, Kp, Ki, and Kd, was derived by ‘trials and errors’ 
method with respect to reduce the control error. 
Consequently, the gain sets corresponding to the HBS 
working modes were found as given in a look-up table – 
Table 2. 

Table 2 Look-up table for tuning the PID gains 

HSB modes Kp Ki Kd 
Boom Up 100 0.1 0.01

Boom Slow 10 0.1 0
Boom Fast 100 0.1 0.01

Digging 100 0.1 0

P

P P

Figure 3 Overview of the EELEX control strategy 

 Figure 4 Overview of the auto-adjustable PID 
controller for speed control of EELEX

Figure 5(a) AMESim model for the CBS system 

SIMULATIONS

In order to verify working efficiency of the proposed 
excavator, two models representing for the CBS and 
HBS circuits have been built using AMESim software 
version 4.3.0 as shown in Fig. 5a and 5b, respectively. 
The setting parameters for these models were obtained 
from the information of the real boom systems in 
Table1.  
The input parameters for the boom models were 
joystick command and loading force attached to the 
piston rod. The input data was obtained from a real 
experiment done by a well-working driver on the 5-tons 
excavator for only boom up and down process in several 
times with maximum moving speed and without 
working load at the bucket. Simulations were then 
performed with this input data. To investigate the effect 
of using the flow control valve in the HBS, the HBS 
model has been tested with two cases: without and with 
using the flow control valve. 
The reduction in energy consumption of the HBS when 
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compared with that of the CBS can be computed as: 

Figure 5(b) AMESim model for the HBS system 

Figure 6 EELEX control program built in Simulink 

Figure 7 A photograph of the 5-tons EELEX 

% 100%

100%

used usedCBS HBS

used CBS

used supplied generatedCBS HBS

used CBS
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SavedEnergy
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E E E

E

  (4) 

1 2
0

finisht

used m m mCBS
E T T dt   (5) 

0

finisht

used supplied suppliedHBS
E U I dt   (6) 

0

finisht

generated generated generatedHBS
E T dt   (7) 

The simulated performances of the CBS and HBS were 
obtained and analyzed as in Table 3. As seen in this 
table, the simulated energy consumption of the HBS 
model without using the flow control valve was reduced 
by 55.14% comparing with that of the CBS model. 
Meanwhile, by using the flow control valve in the HBS, 
the simulated energy consumption was significantly 
reduced up to 75.12%. It proves clearly that the high 
working efficiency could be realized in the proposed 
HBS, especially in case of using the flow control valve. 
In addition, the HBS had the ability in saving energy as 
depicted in Table 3. 

EXPERIMENTS

To investigate the ability of the proposed ELEX in the 
real working environment, experiments with the 5-tons 
EELEX using both of the HBS and CBS were carried 
out. The control strategy introduced in Section 3 was 
built within Simulink environment combined with 
Real-time Windows Target Toolbox of MATLAB as 
displayed in Fig. 6. The control program contains two 
main blocks: ‘Motor Block’ and ‘Hydraulic Circuit 
Bock’. The user can manually switch the EELEX to 
work with the CBS or the HBS to perform tests by 
‘Manual Switch’ component. Here, the power supplied 
to the HBS was electric power while the power supplied 
to the CBS was gasoline fuel. A photo of the EELEX 
with all the measurement devices is displayed in Fig. 7. 
Experiments have been carried out for the EELEX with 
fast full up and down strokes of the boom (without 
working load) in two cases: using the CBS and the HBS. 
The reduction in energy consumption of the EELEX 
using the HBS when compared with using the CBS is 
obtained by (4) in which the total energy used in each 
the system can be calculated as (8), (6) and (9). 

431
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



used usedCBS CBS
E GasolineFuel  (8) 

2

0

finisht

generated breaking generatedHBS
E R I dt  (9) 

Finally, the boom working performances were analyzed 
through the experiment results as given in Table 4. From 
this table, it clearly shows that the high working 
efficiency could be enhanced in case the EELEX using 
the HBS. Here, the recuperated energy from the boom 
potential energy was 0.734kJ. This generated energy is 
small because the EELEX is 5-tons type in which the 
boom weight was small and the excavator was tested 
without working load. The more working load, the 
bigger potential energy as well as recuperated energy 
could be obtained. Moreover, the experiments with the 
boom down and fast moving speed caused the HBS to 
operate mostly in ‘Boom Fast Down’ mode in which the 
generated energy is un-considered. 

CONCLUSIONS 

This paper presents the new idea design of ELEX using 
EHAs. The 5-tons excavator was re-assembled with the 
HBS in order to improve the working efficiency. In 
addition, the proper control strategy was designed to 
manage the operation of the experimental electric 
excavator with the high working performance. 
The AMESim models have been built to verify the 
designed hybrid circuit and the control strategy. The 
simulations and experiments have been done to evaluate 
the ability of the suggested boom system. The results 
prove that the boom cylinder controlled by the HBS 
circuit could reduce remarkably energy consumption 
when compared with the boom cylinder controlled by 
the traditional circuit.  
This proposed ELEX can become an optimal selection 
for the heavy industry in a near future with energy 

saving and green emission purpose. 
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Table 3 Simulation results – Energy consumption analysis 

Simulation cases Energy analysis for the boom models with up-down motion
Total supplied energy Generated energy Total energy Saved 

CBS 669.2 0 669.2 0
HBS without flow control valve  304.7 4.453 300.247 55.14

HBS with flow control valve 167.6 1.099 166.501 75.12

Table 4 Real-time experimental results – Working performance analysis 

Test case: 
Boom Fast Up-Fast Down Motions 

Comparison factors for one cycle time T of boom system operation 
Cycle Time

( )
Total supplied 

(k )
Generated 

(k )
Total used 

(k )
Saved 

CBS 5.625 78.136 0 78.136 0 
HBS 7.375 41.539 0.734 40.809 47.772 
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ABSTRACT

If an accumulator is coupled with a hydraulic pump unit, idling stop operation can be attained by using a pressure 
switch and pressure-holding function. In this research, an intermittently operated hydraulic pump unit coupled with an 
accumulator (ACC pump unit), an inverter control-type hydraulic pump unit (INV pump unit), and a variable 
displacement-type hydraulic pump unit (VD pump unit) are tested, and the efficiencies of these pump units are 
compared. In the experiment that changes the duty ratio, the efficiency of ACC pump unit is about eight times as high as 
an INV pump unit and 18 times as high as VD pump unit. In addition, ACC pump unit is hardly influenced by the duty 
ratio, and almost constant efficiency is obtained. Therefore, ACC pump unit has the best energy-saving effect.

KEY WORDS

Energy Saving, Oil Hydraulic Pump Unit, Accumulator, Idling Stop, Efficiency

1. INTRODUCTION

Energy saving has been made in a number of fields 
due to the shortage of energy resources and the need to 

The hydraulic field is not 
an exception.

If an accumulator is coupled with a hydraulic pump 
unit, intermittent operation of the electric motor 
powering the pump drive, called idling stop operation, 
can be attained by using the pressure switch and the 

pressure-holding function. As a result, unneeded power 
consumption can be reduced.

In this research, an intermittently operated hydraulic 
pump unit coupled with an accumulator (ACC pump 
unit), an inverter control-type hydraulic pump unit (INV 
pump unit), and a variable displacement-type hydraulic 
pump unit (VD pump unit) are tested. The efficiencies of 
these pump units are compared, and it is clarified that the 
ACC pump unit has the best energy-saving effect.
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2. EXPERIMENTAL SYSTEM

A bladder-type accumulator with a capacity of 3 L is 
used in ACC pump unit as shown in Fig.1. ACC, INV, 
and VD pump unit uses the same pump. When the pump 
output pressure exceeds upper bounded pressure of the 
pressure switch, the pump drive motor of the ACC pump 
unit is turned OFF. It keeps the OFF state until the pump 
output pressure falls below the lower bounded pressure 
of the pressure switch. When the pump output pressure 
falls below the lower bounded pressure, the pump drive 
motor is turned ON. The pump used in ACC pump unit is 
a variable displacement vane pump. However, it works as 
a fixed displacement type because the cutoff pressure of 
the pump is set at much higher value.

INV pump unit is shown in Fig.2. The load pressure 
detected by the pressure sensor is input into the inverter 
controller. The pressure is kept constant by changing the 
frequency of the electricity supplied to the electric motor, 
changing the pump rotation speed, and adjusting the flow 
rate.

VD pump unit is showed in Fig.3. VD pump unit 
removes an accumulator and pressure switch from ACC 
pump unit.

The hydraulic circuit of a simplified load model is
shown in Fig.4. This is connected with the discharge side 
and tank side of each pump unit as shown in Fig.1, 2, and
3 respectively. The flow rate and duty ratio are changed 
in this experiment.

3. EXPERIMENTAL METHOD

First, the hydraulic fluid flows into the load side 
intermittently by turning the solenoid-operated valve ON 
or OFF. The characteristic of each pump unit was
examined by changing the duty ratio and flow rate into 
the load side. The period of ON-OFF operation is 10s.
The necessary pressure to the load side was assumed to 
be 2.6 MPa.

Next, we changed the period to 50s to test with smaller 
duty ratio. These experimental conditions are shown in 
Table.1.

Lastly, we tested ACC pump unit with the upper 
bounded pressure changed.

Figure 1 ACC pump unit

Figure 2 INV pump unit

Figure 3 VD pump unit

Figure 4 Hydraulic circuit of the load side
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4. RESULT

The duty ratio was set between 10 to 100 percent.
The experimental results of ACC, INV, and VD pump 
unit are shown in Fig.5, 6, and 7, respectively when duty 
ratio is 50 percent and flow rate is 16l/min. In Fig.5, 6, 
and 7, the vertical axis is electric power, rotation speed, 
load side pressure, output pressure, and flow rate, and the 
horizontal axis is time.

When solenoid-operated valve of ACC pump unit is 
turned on as shown in Fig.5, it is found that the electric 
motor is turned on with a little delay after the hydraulic 
fluid begins to flow to the load. The hydraulic fluid flows 
from accumulator to the load side immediately after the 
solenoid-operated valve is turned on. Pressure in the 
accumulator falls gradually, and it falls below 2.9 MPa 
which is lower bounded pressure. Then, the electric 
motor for the pump drive is turned on by the pressure 
switch. The electric motor is stoped while the 
solenoid-operated valve is turned off. This is because of 
the pressure holding function by the accumulator. As a 
result, power consumption is zero.

The results of INV pump unit is shown in Fig.6.
When the solenoid-operated valve is turned on, the 
hydraulic fluid flows to the load side, and the rotation 
speed of the pump increases at the same time. When the 
solenoid-operated valve is turned off, the rotation speed 
decreases. At that time, the rotation speed becomes the
minimum rotation speed and the set pressure is
maintained. Minimum power is consumed.

The result of VD pump unit is shown in Fig.7, the 
rotation speed of the pump is almost constant in VD 
pump unit. The frequency of the electric power for the 
induction motor is constant in VD pump unit, therefore,
the change of the rotation speed is small. Instead, the 
amount of the discharge per rotation is controlled in VD 
pump unit.

From Fig.4, the time when power consumption 
becomes zero exists in ACC pump unit drived by the 
idling stop. On the other hand, there is power 
consumption to some extent in INV and VD pump unit. 
Therefore, power consumption in ACC pump unit is the 
smallest.

Next, the experimental results are obtained when the
duty ratio is from 10 to 100 percent and the flow rate is 
changed. The relations of the duty ratio and the

efficiency in each pump unit are shown in Fig.8, 9, and 
10 respectively.

The efficiency of ACC pump unit is not affected so 
much by the duty ratio, and it is almost constant as 
shown in Fig.8. This is because of the idling stop.

From Fig.9 and 10, it is understood that the efficiency
for INV and VD pump unit increases as the duty ratio 
increases. When the solenoid-operated valve is turned on,
working fluid flows to the load. Therefore, output power 
increases when the duty ratio increases. And, the 
efficiency rises.

The relation among electrical power consumption, 
efficiency and duty ratio for flow rate 16 l/min are shown 
in Fig.11. The efficiency of ACC pump unit is high 
compared with INV and VD pump unit in the area where 
the duty ratio is low. When the duty ratio is 10 percent,
ACC pump unit is about twice higher than INV pump 
unit and about three times higher than VD pump unit. As 
ACC pump unit is drived using the idling stop, power 
consumption is reduced. Moreover, the efficiency of 
ACC pump unit is not affected by duty ratio as INV and 
VD pump unit, and it is almost constant.

435
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



Table 1 Experimental conditions when flow rate and duty ratio are changed

Figure 5 Output pressure, load pressure, rotation speed, 
and electric power of ACC pump unit

Figure 6 Output pressure, load pressure, rotation speed, 
and electric power of INV pump unit0
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Lower bounded pressure 2.9 MPa

INV pump unit Pressure where rotation
speed begins to decrease 2.9 MPa

VD pump unit Pressure where 
displacement begins to

decrease
2.9 MPa

Load side necessary pressure 2.6 MPa
Period 10 s (Fig.5~11,16)

50 s (Fig.12~15)
Oil temperature 30 2
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Figure 7 Output pressure, load pressure, rotation speed, 
and electric power of VD pump unit

Figure 8 Duty ratio and efficiency of ACC pump unit

Figure 9 Duty ratio and efficiency of INV pump unit

Figure 10 Duty ratio and efficiency of VD pump unit

Figure 11 Electric power, efficiency, and duty ratio of 
each pump unit

Next, we experimented with lower duty ratio. The 
characteristics of each pump unit at this condition were
investigated.

At first, the period is set as 50s. The results of each 
pump unit when duty ratio is 4 percent and flow rate to 
the load is 16 l/min are shown in Fig.12, 13 and 14
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respectively.
The time while the fluid flows to the load of ACC 

pump unit is shorter in Fig.12 than that in Fig.5. As a 
result, the duration of idling stop is longer. In a word, it is 
found that power consumption is reduced more.

In Fig.13 and 14, the time while the fluid flows to the 
load of INV or VD pump unit is shorter than that in Fig.6
or 7. Therefore, the time while the motor is rotating
without work is increased. In a word, the time while the 
electric power is consumed uselessly is increased.

Figure 12 Output pressure, load pressure, rotation speed, 
and electric power of ACC pump unit

Figure 13 Output pressure, load pressure, rotation speed, 
and electric power of INV pump unit

Figure 14 Output pressure, load pressure, rotation speed, 
and electric power of VD pump unit
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Electric power consumption and efficiency of each 
pump unit for duty ratio from 2 to 10 percent are shown 
in Fig.15.

The difference of efficiency between the ACC pump 
unit and INV or VD pump unit grows as duty ratio 
lowers further. When the duty ratio is 2 percent, the 
efficiency of ACC pump unit is about eight times higher
than that of INV pump unit and about 18 times higher 
than that of VD pump unit. It is because useless power 
consumption does not decrease so much though an 
effective output decreases in INV and VD pump unit
when the duty ratio decreases further. Contrarily, almost 
constant efficiency is obtained for ACC pump unit within 
this range because useless power consumption also
decreases by the idling stop.

Figure 15 Electric power, efficiency, and duty ratio of 
each pump unit

We measured electric power and efficiency of ACC 
pump unit when the upper bounded pressure was 
changed. The lower bounded pressure was fixed as
before. The duty ratio was 90 percent in this experiment.
And flow rate was 12 l/min. The result is shown in 
Table.2.

Pressure ratio is 1.15 and 1.3 is almost the same. But, 
when pressure ratio is 1.4, its efficiency becomes smaller. 
The reason is that the pump output pressure is higher
when pressure ratio is higher. Then, electric power 
consumption of the pump increases. Therefore, the 
efficiency is worse when pressure ratio is higher.

Table 2 Pressure ratio and Efficiency

Pressure ratio Efficiency[%]
1.15 33.3
1.30 32.4
1.40 30.4

5. CONCLUSION

The efficiency of ACC pump unit is about twice 
higher than INV pump unit and about three times higher 
than VD pump unit when the duty ratio is 10 percent.
The efficiency of ACC pump unit is about eight times
higher than INV pump unit and about 18 times higher 
than VD pump unit when the duty ratio is 4 percent.
ACC pump unit is not affected so much by the duty ratio, 
and almost constant efficiency is obtained. The efficiency
of ACC pump unit decreases as the upper bounded of 
pressure switch increases. ACC pump unit has the best 
energy-saving effect.
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A PWM-BASED VALVE CONTROL SYSTEM WITH
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ABSTRACT

For the problem of low efficiency of conventional valve control systems, an economical PWM-based valve control 
system with no throttle loss is put forward and examined in this paper. There are four no-throttling-loss units used to 
control a single rod cylinder in this fixed displacement pump system, which breaks the mechanical linkage of 
meter-in and meter-out flow in the traditional four way directional valve. The no-throttle-loss valve control unit 
includes a normal opened 3/2 high speed ON/OFF valve as a pilot valve and a two-way cartridge valve as a main 
valve. Due to the special designs, the maximum pump flow could run through the unit with no throttle loss. The high 
response frequency of the unit allows to control the average flow of the main valve, as well as the position and speed 
of the load by regulating the duty cycle of PWM signal. Parallel to the main oil circuit, an energy recovery device is 
used to absorb the high pressure pump oil when the main valve is closed during a control period, which would ensure 
the relief valve works as a safety valve and avoid the overflow loss. First, the paper proposes a concept of 
no-throttling-loss valve control unit. And then, the principle of achieving the dual objectives of energy saving and fast 
dynamic response is illustrated. Finally, the system model is established based on AMESim, and the feasibility of the 
system program is verified by the simulation in this paper. Besides, the influence of the control frequency of PWM 
signal and the pilot valve frequency is discussed. The simulation results ensures the system’s merits of high dynamic
response and energy saving.

KEY WORDS

PWM, No Throttle Loss, Valve Control System, Mechanism, AMESim

NOMENCLATURE

AV:valve flow area

Au:outlet port of no-throttling-loss unit
Cq:valve flow coefficient
Pu:inlet port of no-throttling-loss unit

440

Proceedings of the 8th JFPS International
Symposium on Fluid Power, OKINAWA 2011

Oct. 25-28, 2011

2A4-4

Copyright © 2011 by JFPS, ISBN 4-931070-08-6



pR: opening pressure of relief valve
pMotor: driven pressure of hydraulic motor
pAccMin: minimum operating pressure of accumulator 
pLoad :load pressure 

q :valve flow
q : average flow

: duty cycle of PWM signal
p:valve pressure drop

:oil density

INTRODUCTION

Traditionally, we have two methods to control an
actuator in hydraulic system. They are valve control and 
pump control. Hydraulic servo valve control system has 
high response frequency, which makes it easy to get 
perfect motion control effect. However, a relief valve is 
needed to keep the system pressure constant. So, the 
throttling loss and relief loss are inevitable, which 
reduces the system efficiency to a very low level and 
increases the oil temperature. The other method is pump 
control. By changing the pump displacement or motor 
speed or changing them harmoniously at the same time, 
the outlet flow rate and pressure could adapt to the load
[1]. This kind of load sensing control method could 
largely improve the system efficiency [2,3]. However,
both varying pump displacement and varying pump 
speed would not get high response frequency, which 
restricts the application areas of this energy saving 
method. In recent years, in order to achieve the goal of 
fast dynamic behavior and energy saving simultaneously, 
a lot of researches have been done about the combination 
of valve control method and pump control method
[4,5,6]. Besides, Emanuele Guglielmino etc applied the 
switch control technology to the hydraulic actuation. A
hydraulic switching converter inspired by the electric 
DC-DC Buck converter was prototyped and its 
performance was tested in experiments. An energy 
saving of 75% is achieved compared to a classical 
proportional valve-controlled system [7].
In conventional constant pressure hydraulic control 
system, a great portion of the hydraulic power supplied 

by the pump is lost on the pressure relief valve and the 
flow control valve. The portion is 42.3 % and 19.2 % [2]. 
That is to say, the relief loss is more than two times of 
the throttling loss. Thus reducing the relief loss could 
improve system efficiency greatly. In order to maintain 
the fast dynamic behavior of traditional valve control
system and avoid the throttling loss and relief loss, a
PWM-based energy saving valve control cylinder system
with no throttling loss is put forward and examined in 
this paper. First, the no-throttling-loss valve control unit 
is proposed. Second, the PWM-based energy saving 
valve control cylinder system is described. Finally, the 
system model is established in AMESim and simulation 
is implemented, and the effect of the system parameters 
is analyzed.

NO-THROTTLING-LOSS VALVE CONTROL 

UNIT

As a flow rate control component, traditional valve could 
regulate the flow rate through it by changing its opening 
area. The valve orifice flow equation can be written as

q V
2q C A p             (1)

In the traditional valve control system, the pressure drop 
through the valve p is determined by relief valve’s 
working pressure pR and load’s working pressure. pL

Because the flow area of traditional proportional and 
servo valve is small, the pressure drop is very large, even 
when fully opened. However, if the full opened flow area 
is so large that the whole system flow rate could run 
through the valve port without pressure drop or with a 
tiny pressure drop, we call that no-throttling-loss. 
However, if we keep the valve fully open all the time, the 
load velocity would not be regulated in fixed 
displacement pump system. And if we regulate the flow 
area continuously to change load velocity as traditional 
proportional and servo valve do, pressure drop will 
appear inevitably, which is not desired. So, we use the 
Pulse Width Modulated (PWM) control method to 
regulate the average flow rate, which would also regulate 
the load velocity. According to the Eq. (2), what we need 
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to do is changing the duty ratio . PWM signal has only 
two states 0 and 1.When the signal is 1, the valve is fully 
opened, which is no-throttling-loss state, and the signal 0 
corresponds to completely close.

q q (0 1)     (2)

Two way cartridge valves have a wide range of 
applications in the field of high pressure and large flow 
rate. Based on two way cartridge valve, we developed a
no throttling loss control unit, which consists of a normal 
open 2/3 high speed ON/OFF valve and a two way 
cartridge valve.

Figure 1 No-throttling-loss valve control unit

In the unit, the normal opened 2/3 high speed ON/OFF 
valve works as a pilot valve and the 2 way cartridge 
valve as main valve. The control chamber and inlet
port of the main valve is connected to the port A and 
port P of the pilot valve separately. When the pilot valve 
of the unit is not energized, high pressure flow could run 
through the pilot valve to the control chamber of main 
valve. Because the working area of control chamber is 
larger than the inlet port and the spring of main valve has 
a preload, the main valve closed completely. When the 
pilot valve receives signal 1, the left position of pilot 
valve works and the high pressure flow promote the 
poppet moving up, and the oil in the control chamber 
could run through the pilot valve to the tank. When the
pilot valve receive signal 0, the right position of pilot 
valve works and the high pressure oil run through the 
pilot valve to the control chamber. The fluid force and 
the spring force act on the poppet together, which would 
shut up the main valve rapidly. 
In order to use PWM control method, the 
no-throttling-loss unit must have high response 
frequency. However, the frequency of the unit is 

restricted by the pilot valve response frequency and pilot 
flow rate. First, during a period of PWM signal, main 
valve always acts after the pilot valve and the opening 
and closing process of main valve need a short time. So,
the frequency of no-throttling-loss unit must be lower 
than the pilot valve. Second, the opening and closing 
process of main valve employ the pilot valve to fill and 
empty the control chamber of the main valve. The larger 
of the pilot flow rate, the higher the response frequency 
of the unit. Actually, the proposed no-throttling-loss 
valve control unit is a high speed ON/OFF valve with 
large flow rate.

PWM-BASED ENERGY SAVING VALVE 

CONTROL CYLINDER SYSTEM

Traditionally, a typical four-way proportional directional 
valve or servo valve is used to control a hydraulic 
cylinder. The four inlet or outlet port of the directional 
valve are equivalent to four controllable orifices, which 
are mechanically linked together. If we break the 
mechanical linkage between the meter-in and meter-out 
orifices, the dual objectives of high performance motion 
tracking and energy savings could be achieved [8,9].
In this paper, four no-throttling-loss valve control units 
are used to control a double acting single rod cylinder. 
By coordinating the average flow of four units through 
PWM signal ratio, we can control the meter-in and 
meter-out flow of the cylinder. As shown in figure 2, a 
fixed displacement pump driven by a three-phase AC
induction motor is used to supply oil to the system. In the 
pink frame of dot dash line, there are four 
no-throttling-loss valve control units. In the red elliptical 
frame, there is an energy reusing device, including a
check valve, an accumulator, a hydraulic pump and a 
generator. The relief valve acts as a safety valve. In order 
to ensure the system work properly, the relief valve 
opening pressure pR, the driven pressure of hydraulic
motor pMotor, the minimum operating pressure of 
accumulator pAccMin and the load pressure pLoad should 
satisfy the following relations.

pLoad< pMotor < pAccMin < pR               (3)
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During a control period, when the PWM signal is 1, the 
high pressure runs through the main valve with no 
throttling loss. When the PWM signal is 0, main valve is 
closed completely. As a result, the high pressure flow 
runs through the check valve to fill the accumulator and 
drive the hydraulic motor to generate electricity. When 
the next PWM signal 1 is received, the check valve 
would be closed because pAccMin is higher than pLoad. That 
means, the safety valve is always closed except extreme 
conditions. Thus, there are no throttling loss and relief 
loss in the system.

Figure 2 Schematic of PWM-Based energy saving valve
control system with no throttling loss and no relief loss

SYSTEM MODEL AND SIMULATION

In order to verify the feasibility of the PWM-based 
energy saving valve control cylinder system, the system 
model is established in AMESim.
In this paper, the load pressure is 20MPa, and the 
maximum flow rate is 100L/min According to a 
company’s product samples of cartridge valve, nominal 
diameter 16mm could guarantee a tiny pressure drop of 
0.2MPa. Compared with traditional valve pressure drop, 
we declare this tiny pressure drop no throttling loss. 
Because the control chamber of cartridge valve is large,
the flow rate must be greater than 12L/min. 

Figure 3 presents the model of the PWM-based energy 
saving valve control system with no throttling loss and 
no relief loss. Four no-throttling-loss valve control units 
are used to control the movement of cylinder rod. The 
models of pilot valve and main valve are established by 
Hydraulic Component Library of AMESim. The 
generator is simulated by a rotating load for covenience.

Figure 3 AMESim model of PWM-based energy saving valve control cylinder with no throttling loss and no relief loss

unit 1

unit 2
unit 3

unit 4
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To get the correct simulation result, the specification of 
simulation parameters is very important. Some important 
simulation parameters are listed in Table 1

Table 1 Specification of some important simulation 
parameters

Load mass 20000kg
Friction 150796N
Pump rated pressure 20MPa
Pump displacement 63mL/r
Pump rotation speed 1600r/min
Relief valve opening pressure 25MPa
Minimum working pressure of 
accumulator

23MPa

Hydraulic motor working pressure 22.5MPa
Cylinder diameter 100mm
Rod diameter 20mm

For convenience, we consider the right and left 
movement of the cylinder rod respectively in the 
simulation. In this case, the four no-throttling-loss valve 
control units can be defined as outlet unit of rod-less 
chamber, inlet unit of rod-less chamber, inlet unit of rod 
chamber and outlet unit of rod chamber in numerical 
order. The Table 2 describes the control mode of four 
no-throttling-loss valve control units.

Table 2 Control modes of four units in different 
movement direction

unit 1 unit 2 unit 3 unit 4
right OFF PID OFF ON
left ON OFF PID OFF

According to the Table 2, when the cylinder moves in the 
right direction, we just need to control the PWM signal 
duty ratio of inlet unit of rod-less camber of the cylinder
with PID control strategy. At the same time, unit 1 and 
unit 3 are set to completely closed, and unit 4 fully 
opened. The left direction is similar to the right direction.

Figure 4 is the sinusoidal velocity response when the 
cylinder moves in the right direction. As shown in the 
figure 4, the cylinder could track the ideal sinusoidal 
velocity command at 0.05Hz. And the tracking error 
gradually stabilizes between 0 and 0.005m/s.

Figure 4 Tracking performances and tracking error 
corresponding to 0.05Hz sinusoidal velocity command

Figure 5 Inlet and outlet port pressure of main vlave

Figure 5 presents the inlet and outlet port pressure of 
main valve. During a control period, when the PWM 
signal is 1, the pressure drop is less than 0.2MPa, as 
shown in the right side of the graph, which is called no 
throttle loss. When the PWM signal is 0, the main circuit 
to the cylinder is closed, and the high pressure flow 
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drives the hydraulic motor, which is connected to an 
electricity generator. Thus, the inlet pressure of main 
valve is about 22.5MPa, which is the hydraulic motor 
working pressure. Generally speaking, the outlet pressure 
of main valve remains constant basically.
Figure 6 and figure 7 present the system instantaneous 
power distributions and average power distributions.
From the two figures, especially the average power 
distributions, we can see that there is nearly no throttling 
loss and relief loss. In the figure 6 and 7, pink line 
represents the power to the hydraulic motor, which used 
to generate electricity. This part of power is very large 
and usually is wasted in the traditional valve control 
system.

Figure 6 System instantaneous power distributions

Figure 8 is the sinusoidal velocity response when the 
cylinder moves in the left direction. This case is similar 
to the right direction.
Figure 9 is the sinusoidal velocity response at 0.6Hz 
when the cylinder moves in the right direction. With the 
increasing of frequency of ideal command, it’s more and 
more difficult to get satisfactory tracking performance. 
As shown in figure 9, the system already has much 
difficulty tracking the ideal velocity at 0.6Hz. If we want 
to get  satisfactory results, the response frequency of the 
no-throttling-loss unit must be improved.

Figure 7 System average power distributions

Figure 8 Tracking performances corresponding to 
0.05Hz sinusoidal velocity command

Figure 9 Tracking performances corresponding to 0.6Hz 
sinusoidal velocity command
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Figure 10 Tracking performances at different control 
frequency

Figure 11 Throttling and relief loss power at different 
control frequency

Figure 10 and 11 present the influence of control 
frequency of PWM signal, which implies us the 
system could not track the ideal sine velocity when 
the control frequency is below 20Hz. However, the 
decrease of control frequency has little impact on 
the throttling loss. As for relief loss power, there is a 
rapid increase when the control frequency is below 
20Hz. Generally speaking, increasing the control 
frequency of PWM signal is helpful for system 
response characteristics. But, the maximum control 
frequency is restricted by the inherent response 
ability of the system. 
Figure 12 and 13 display the influences of pilot valve 

frequency to the system response characteristics. In the 
simulation, control frequency of PWM signal is 50Hz.
When the pilot valve frequency is less than 50Hz, 
there is much velocity fluctuation on the tracking 
performance, which is shown clearly in the figure 14. 
The velocity fluctuation is caused by the flow pulse of 
the main valve, which also results in the fluctuation of 
pressure at the inlet port of relief valve. Thus, the 
relief loss power also increases rapidly with the 
decreasing of the pilot valve frequency.

Figure 12 Tracking performances at different frequency 
of pilot valve

Figure 13 Throttling and relief loss power at different 
frequency of pilot valve
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CONCLUSIONS

In order to resolve the conflicts between low efficiency
of traditional valve control system and low dynamic 
response of pump control system, a novel PWM- based 
no-throttling-loss valve control system is proposed in this 
paper. The paper illustrates the principle of energy 
conservation without deterioration to the dynamic 
response. The system model is established in AMESim, 
and the simulations verify that the new system could 
reduce the throttling and relief loss power to the 
minimum extent. Thus, the system efficiency could be 
improved greatly. According to the simulation, the 
control frequency of PWM signal and pilot valve 
frequency have great impacts on the tracking 
performance and relief loss power. For a satisfactory 
performance, the pilot valve should have a response
frequency 80Hz or higher when the control frequency is 
50Hz.
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ABSTRACT

A functional fluid flows by itself when electric fields are applied to the functional fluid. This phenomenon is called 
EHD (electrohydrodynamics) phenomenon, and research and developments are being made to apply this phenomenon 
on to motors and pumps. We use a liquid crystal as a functional fluid and observe the behavior of the liquid crystal as 
well as flow in the flow channel when steady electric fields are generated through a direct current by two electrodes in 
the bottom of the flow channel. Moreover, we observe how the behavior and flow change as a result of the shape of the 
electrodes being changed. Furthermore, we research the possibility to design the motors using EHD phenomenon.

KEY WORDS

Liquid crystal, EHD phenomenon, Electric field, Direct current, Electrode

NOMENCLATURE

a : distance between two electrodes
E : electric field strength of between two

electrodes
v : flow velocity in the whole flow channel
w : width of electrodes

: the same direction as axis of the liquid
crystalline molecule

: the vertical direction against axis of the
liquid crystalline molecule

: electric potential of electrode-A
: electric potential of electrode-B

INTRODUCTION

A functional fluid such as a liquid crystal flows when 
electric fields are applied to the functional fluid. This 
phenomenon is called EHD (electrohydrodynamics) 
phenomenon, and research and developments are being 
made to apply this phenomenon to motors and pumps 
[1]. However, the mechanism of liquid crystalline flow 
induced by electric fields is not yet made clear.  
Therefore, whether there is influence of shape of 
electrodes and electric fields on generated flow still 
needs to be investigated. We observe flow of the liquid 
crystal in the vicinity of electrodes as well as flow in the 
whole flow channel when steady electric fields are 
generated through direct current by two electrodes at the 
bottom of the flow channel. Especially, we observe the 
velocity of flow in the whole flow channel and flow of 
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the liquid crystal in the vicinity of electrodes causing 
flow in the whole flow channel when a one-directional 
flow is generated. Moreover, we observe changes in 
flow when the shape of the electrodes is changed.  
First, we demonstrate the physical properties of the 
liquid crystal used in this study. Next, we explain the 
experimental apparatus and method, and describe liquid 
crystalline flow induced by direct current electric field.

PHYSICAL PROPERTIES

OF THE LIQUID CRYSTAL

The liquid crystal used this time is mixed liquid crystal
MJ-0669 (Merck & Co., Inc.). The physical properties 
of MJ-0669 are shown in Table 1, where is the 
vertical direction against axis of the liquid crystalline 
molecule, and is the same direction as axis of the 
liquid crystalline molecule.

Table 1 Physical properties of MJ0669

Operating temperature region
[°C] ~45.9

Kinematic viscosity (25[°C])
[ /s] 11.0

Dielectric constant (20[°C])
[F/m]

Relative permittivity (20[°C]) 3.9
Dielectric constant (20[°C])

[F/m]
Relative permittivity (20[°C]) 11.2

Density (25[°C])
[g/ ] 0.95

EXPERIMENTAL APPARATUS AND METHOD

Experimental apparatus

The flow channel is shown in figure 1. It is made of 
transparent acrylic, and the flow channel of 4 mm width 
and 2 mm depth is put between the top and the bottom.  
The electrode is made by etching and as thin as paper, 
and set up at the bottom of the flow channel. Then, 
electric field is generated at the bottom of the flow 
channel by applying voltage to electrode-A connected 
with the anode of DC power source and electrode-B
with cathode as shown in figure 2.

Figure 1 Flow channel

Figure 2 Experimental apparatus

Experimental method

First, the liquid crystal mixed with particle M-600
(Matsumoto Yushi-Seiyaku Co., Ltd, particle diameter 
5~50
flow channel; the flow channel is set up on the hot plate, 
and the temperature of the liquid crystal is kept constant 
(30 1°C) with the hot plate and thermometer. Next, the 
voltage is applied to two electrodes (electrode-A and 
electrode-B), and electric field is generated at the 
bottom of the flow channel. Then, the laser sheet is 
shone from the top through the center of the flow 
channel where the influence of the viscosity is the 
weakest, and the behavior of the liquid crystalline flow 
is recorded on video from the front of the flow channel 
as shown in figure 3. The recording is done for 3 
minutes after the voltage is impressed. Similarly, the 
laser sheet is shone from side of the flow channel, and 
the flow in the flow channel is recorded on video from 
the top of the flow channel as shown in figure 4.
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Figure 3 Observing from the front

Figure 4 Observing from the top

When a one-direction flow is generated in the flow 
channel, flow velocity is measured. The measurement is 
done in the time zone when flow velocity is the 
steadiest. The area for measuring flow velocity is the 
area at the center of the flow channel on the other side 
of the flow channel where the electrodes are set up as 
shown in figure 5. Flow velocity is calculated from the 
video by using the width of the flow channel as 4 mm.
Concretely, the time taken by the particle to move by 4 
mm is measured with the help of stopwatch, and the 
speed of the particle is calculated by using that time.  
This is done once with five separate particles in the area 
where flow velocity is measured, and the average of 
these speeds is assumed to be flow velocity.

Figure 5 Area for measuring flow velocity

Moreover, experimental conditions for each experiment 
are shown in Table 2, where w is width of electrodes, a
is distance between two electrodes, is electric 
potential of electrode-A, is electric potential of 
electrode-B, and E is electric field strength of between 
two electrodes.

Table 2 Experimental conditions

No. w
[mm]

a
[mm] [V] [V]

E
[V/mm]

1 1 0.2 0 1000 5000
2 1 0.2 0 500 2500
3 1 0.2 0 1500 7500
4 0.5 0.2 0 1000 5000
5 1.5 0.2 0 1000 5000
6 1 0.3 0 1000 3333
7 1 0.4 0 1000 2500
8 1 0.3 0 1500 5000
9 1 0.4 0 2000 5000

RESULT OF EXPERIMENTS

Result of experiments

Figure 6 shows the results for experiment No.1.  
Referring to (a) front view, we observed that rotational 
flows (Vortex-A, B, and C) are generated between 
electrodes and on the edge of each electrode. We 
noticed a one-directional flow over electrode-B by 
being involved with the counterclockwise rotational 
flow (Vortex-B) generated in the right edge of 
electrode-B, brought from over electrode-B to on 
electrode-A by being involved with the 
counterclockwise rotational flow (Vortex-A) generated 
between electrodes, and sent at the left of electrode-A
by being involved with the clockwise rotational flow
(Vortex-C) generated in the left edge of electrode-A. 
Referring to (b) top view, we observed that a 
one-directional flow occurs in the flow channel 
clockwise. The flow velocity was comparatively steady 
with 0.29 mm/s.
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Figure 6 Results of experiment No.1

Similarly, the results of experiments Nos.2~9 are shown 
in figures 7~14. Moreover, flow velocity of a 

one-directional flow in the flow channel in each 
experiment is shown in table 3, where v is flow velocity.

Figure 7 Results of experiment No.2

Figure 8 Results of experiment No.3
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Figure 9 Results of experiment No.4

Figure 10 Results of experiment No.5

Figure 11 Results of experiment No.6
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Figure 12 Results of experiment No.7

Figure 13 Results of experiment No.8

Figure 14 Results of experiment No.9
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Table 3 Flow velocity

No. v
[mm/s] Flow direction

1 0.29 Clockwise
2 - None
3 0.48 Clockwise
4 0.13 Clockwise
5 - None
6 0.13 Clockwise
7 0.10 Clockwise
8 0.60 Clockwise
9 0.90 Clockwise

Influence of voltage

(comparison among experiments Nos.1, 2, and 3)

When experiments Nos.1, 2, and 3 were compared, it 
turned out that rotational flows are generated between 
electrodes and on the edge of each electrode for all 
experiments, that those rotational flows are weak in case 
of experiment No.2, and that the stronger the voltage in
experiments Nos.1 and 3, the stronger the rotational 
flow. Therefore, it is believed that the strength of 
rotational flows generated between electrodes and on 
the edge of each electrode is proportional to the strength 
of voltage or electric field strength. Moreover, it is 
thought that rotational flows between electrodes and on 
the edge of each electrode cause a one-directional flow 
in the flow channel; therefore, flow velocity of a 
one-directional flow in the flow channel in case of 
experiment No.3 in which rotational flows are stronger 
than those in case of experiment No.1 is higher.
Influence of width of electrodes

(comparison among experiments Nos.1, 4, and 5)

When experiment No.4 in which the width of electrodes 
is less than that in case of experiment No.1 was 
compared with experiment No.1, it turned out that 
rotational flow between electrodes and on the edge of 
each electrode in case of experiment No.4 is less than 
that in case of No.1. In other words, electric fields 
become low because the width of electrodes in case of 
experiment No.4 is less than that in case of experiment 
No.1; therefore, rotational flow between electrodes and 
on the edge of each electrode also becomes low.  
Moreover, it is thought that power of rotational flow to 
cause a one-directional flow in the flow channel 
weakens because rotational flow becomes small; 
therefore, flow velocity of a one-directional flow in the 
flow channel becomes low. On the contrary, when 
experiment No.5 in which width of electrodes is less 
than that in case of No.1 was compared with experiment 
No.1, it turned out that flow in the vicinity of electrodes 
is complex in case of experiment No.5 unlike the case 
of No.1. Hence, electric fields expand because the width 
of electrodes increases and therefore flow that obstructs 

rotational flow causes a one-directional flow in the flow 
channel.
Influence of distance between two electrodes in case 

of voltage is constant

(comparison among experiments Nos.1, 6, and 7)

When experiments Nos.1, 6, and 7 were compared, it 
turned out that the wider the distance between 
electrodes, the bigger the rotational flow between 
electrodes. Hence, the area of electric fields between 
electrodes that generates rotational broadens when 
distance between electrodes increases, so that rotational 
flow between electrodes is more. Moreover, it turned 
out that the wider the distance between electrodes, the 
weaker the rotational flow between electrodes. Hence, 
electric fields between electrodes weaken when distance 
between electrodes is increased, so that rotational flow 
between electrodes reduces when the distance between 
electrodes is increased. Also, the wider the distance 
between electrodes, the slower the one-directional flow 
in the flow channel. In other words, rotational flow 
between electrodes that causes a one-directional flow in 
the flow channel weakens when distance between 
electrodes is increased, so that one-directional flow in 
the flow channel slows when distance between 
electrodes is increases.
Influence of distance between two electrodes in case 

of electric fields strength is constant

(comparison among experiments Nos.1, 8, and 9)

When experiments Nos.1, 8, and 9 were compared, it 
turned out that the wider the distance between 
electrodes, the more the rotational flow between 
electrodes even in the case of experiment Nos.1, 6, and 
7, but it is different in case of experiments Nos.1, 6, and 
7. Strength of the rotational flow remains stable even if 
distance between electrodes is increased. It is thought 
that this is because voltage is raised so that electric field 
strength between electrodes is constant even if distance 
between electrodes increases. The wider the distance 
between electrodes, the faster the one directional flow in 
the flow channel. Because distance between electrodes 
is increased keeping electric field strength between 
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electrodes constant, rotational flow between electrodes 
increases; therefore, a one-directional flow in the flow 
channel increases because power of rotational flow to 
cause one-directional flow in the flow channel 
increases.

APPLICATION TO MOTOR

We research the possibility to design the motors using 
EHD phenomenon. By placing two electrodes along 
equal intervals inside a cylinder as shown in figure 15, 
voltages will generate a one-directional rotation inside 
the cylinder as shown in figure 16.

Figure 15 Two electrodes inside a cylinder

Figure 16 One-directional flow inside the cylinder

We research if motors can be designed using this 
phenomenon as shown in figure 17.

Figure 17 Concept of motor

CONCLUSIONS

In this study, a variety of electric fields were generated 
by varying voltage, width of electrodes, and distance 
between electrodes set up at the bottom of the flow 
channel, and we compared liquid crystalline flows in the 
vicinity of electrodes as well as flows in the flow 
channel in each electric field.  The conclusions are 
given as follows.

1. When voltage is applied on two electrodes set up at 
the bottom of the flow channel filled with liquid 
crystal, rotational flows are generated between 
electrodes and on the edge of each electrode, 
causing a one-directional flow in the flow channel.

2. When electric field strength between electrodes 
increases, rotational flow between electrodes 
increases too.  When width of electrodes is 
reduced, rotational flow between electrodes 
decreases.  When width of electrodes is increased, 
flow in the vicinity of electrodes becomes complex.  
When distance between electrodes is increased, 
rotational flow between electrodes increases.  A 
one-directional flow in the flow channel changes 
depending these changes.

3. By placing two electrodes along equal intervals 
inside a pipe, voltages will generate a 
one-directional flow inside the cylinder.
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ABSTRACT

An electro-conjugate fluid (ECF) is a kind of functional fluid, which produces a jet flow (ECF jet) when subjected to 
high DC voltage. This study introduces the ECF jet to develop a novel inchworm like in-pipe mobile robot which 
mainly consists of two clamping units (a clamping actuator, an ECF jet generator and an ECF tank) and a propelling 
unit (a propelling actuator, an ECF jet generator and an ECF tank). First, we characterize the actuators composed of a 
silicone rubber tube and aramid fibers. Next, we characterize the ECF jet generator which could be a micro fluid 
pressure source of the actuator, and confirm the effect of the number of electrode pairs on its performance. Finally we 
develop the ECF in-pipe mobile robot and demonstrate that the robot can move in a 14 mm acrylic pipe with 0.043 
mm/s. The robot is 200mm long with the diameter of 10mm.

KEY WORDS

In-pipe mobile robot, Functional fluid, Electro-conjugate fluid, Soft actuator, Artificial muscle

1. INTRODUCTION

It has been required for robots to contribute to 
inspection and repair of industrial plants including
nuclear facilities, because the modern facilities are
composed of innumerable narrow pipes, which are 
difficult to be manually inspected. Therefore, 
development of an in-pipe mobile robot which works in 
a small space is required.

Hence several types of in-pipe mobile robots using 
micro motors, shape memory alloys, piezoelectric 
actuators etc. have been developed [1]-[6]. In addition, 
an in-pipe mobile robot driven by pneumatic soft 
actuators is also actively developed because of its 
advantages as flexibility, compactness and high 

generative force [7]-[9]. The pneumatic soft actuator 
such as McKibben artificial muscle [9][10] is mainly 
consists of a rubber tube covered with a fiber sleeve, a 
pneumatic power source, and a valve. The rubber tube 
configuration, control method and applications of the 
pneumatic soft actuators have widely been investigated 
so far, however, the essential problem with pneumatic 
actuators is the requirement for bulky power sources
apart from the actuator itself. Furthermore, it requires 
pneumatic lines to supply air pressure to each actuator. 
Therefore the entire system must be large. 

On the other hand, there is an attractive functional 
fluid or an electro-conjugate fluid (ECF). The ECF is a 
kind of dielectric fluid, which generates a powerful jet 
flow when subjected to high DC voltage. The ECF 
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could be an appropriate fluid power source for 
downsizing and lightening an in-pipe mobile robot, 
because ECF jet becomes more powerful as the 
electrode pair becomes more compact (the power 
density increases as the size decreases), and 
configuration of the electrode pair is quite simple [11]. 
Furthermore, using the ECF jet pressure together with 
flexible balloon actuators enables an actuator to have 
constructive flexibility.

Hence, the purpose of this study is to develop a novel 
inchworm like in-pipe mobile robot using 
electro-conjugate fluid. 

2. ELECTRO-CONJUGATE FLUID

The electro-conjugate fluid is a dielectric fluid, which 
works here as a smart/functional fluid. Applying a high 
voltage of several kilovolts between electrodes inserted 
into the fluid with an interelectrode gap of several 
hundred micrometers, we can observe a powerful jet 
flow (an ECF jet) between the electrodes as shown in 
Fig. 1, and this phenomenon observed with the 
electro-conjugate fluid is called an ECF effect in 
particular [11]. Although a high voltage is required to
generate the jet flow, the current is quite low at several 
microamperes. The ECF jet may be observed especially
under a non-uniform electric field produced, for 
example, by a needle ring electrode pair as shown in
Fig. 1. Although the mechanism of ECF effect has yet to 
be fully clarified [12][13], dielectric fluids plotted by 
white circles in Fig. 2 show the jet flow [14]. As can be 
seen from the figure, the dielectric fluids showing the 
ECF effect are obviously within a particular triangular
region on the conductivity vs. viscosity plot. This means 

that plotted in this triangle is a necessary condition for 
fluids to show the ECF effect.  

3. CONCEPT

Fig.3 shows a conceptual view of the in-pipe mobile 
robot, composed of ECF jet generators, two clamping 
units, and a propelling unit. The following sections 
detail each component of the in-pipe mobile robot.
3.1 Configuration and operating principle of the units

1) Clamping unit

Fig.4 (a) shows the clamping unit composed of the 
ECF jet generator, a clamping actuator, and an ECF tank. 
Each component is connected in alignment. Inside of 
the unit is filled with ECF. The ECF jet generator has a
needle-ring electrode pair. The clamping actuator is 
composed of a silicone rubber tube and aramid fibers. 
The tube of the clamping actuator is reinforced with 
fibers along its axis. The actuator contracts and expands 
as the inner pressure increases due to an expansive force 
caused by the pressure increase and restrains by the 
fibers. Consequently, when high voltage is applied to 
the ECF jet generator, the ECF moves from the tank to 
the actuator by the ECF jet, resulting in making the 
actuator contract in the axial direction and expand in the 
radial direction as shown in Fig.4 (b).
2) Propelling unit

Fig.5 (a) shows the propelling unit composed of the 

Fig. 4. Concept of the
       clamping unit

ECF jet

(a) Initial 

(b) Applied voltage

Silicone rubber tube
Aramid fiber

Fig. 5. Concept of the 
        propelling unit

ECF jet
(a) Initial 

(b) Applied voltage

Aramid fiber
Silicone rubber 

(a) ECF jet

Fig. 6. Principle of operation
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ECF jet generator, a propelling actuator, and an ECF 
tank. Inside of the unit is filled with ECF. The tank and 
the actuator compose a bicylindrical structure, and the 
ECF jet generator is located at the end of the actuator. 
Namely, the actuator and the ECF jet generator are
located inside the tank. The propelling actuator is 
composed of a silicone rubber tube and aramid fibers. 
The tube of the propelling actuator is reinforced with 
fibers on its circumferential surface. The actuator 
extends as the inner pressure increases due to an
expansive force due to the pressure increase and 
restrains by the fibers. Consequently, when a high 
voltage is applied to the ECF jet generator, the ECF 
moves from the tank to the actuator by the ECF jet, 
resulting in making the actuator extend in the axial 
direction as shown in Fig.5 (b). Note that the operating
principle of the propelling unit is quite similar to that of 
the clamping unit, however, the motion is different.
3.2 Operating principle of the in-pipe mobile robot

It may be possible for the robot to move by 
pressurizing each actuator using ECF jet when
following steps (a)-(d), corresponding to these in Fig. 6.

(a) The clamping actuator A expands by applying high 
voltage to the ECF jet generator A.

(b) The propelling actuator extends by applying high 
voltage to the ECF jet generator C. Note that, the 
robot does not move backward because of the 
frictional force between the clamping actuator A and 
the inner surface of pipe.

(c) The clamping actuator B expands by applying high
voltage to the ECF jet generator B.

(d) The propelling actuator contracts (restores to the 
initial state) by stopping applying voltage to the ECF 
jet generator A and C. Then the clamping actuator A 
and the propelling actuator move forward because 
there exist a frictional force between the clamping 
actuator B and the inner surface of the pipe.

Hence, by appropriately switching the electrical input 
pattern as time step goes, the pressurized actuator is 
switched step by step, resulting in making the in-pipe
robot move forward. There are several similar in-pipe 
mobile robots using pneumatic pressure [8][9], however, 
the proposed robot differs from these robots in the 
following points. First, the working fluid is completely 
enclosed in the robot itself. Second, the actuator and the 
pressure sources are integrated. Finally, the 
configuration is quite simple in comparison with the 
pneumatic robots, which require bulky 
compressors/valves outside. Hence, we believe that the 
proposed robot has advantages for integration, 
downsizing and lightening. Furthermore it is believed 
that the configuration of the robot is quite simple so that 
the robot overcomes the difficulty of spaghetti cord 
problems of other robot.

4. ACTUATORS

4.1 Clamping actuator

Fig.7 shows the actual view of the clamping actuator.
Fig. 7 (a) shows a basic configuration and Fig. 7 (b) 
shows its actual view when it contracts and expands due 
to pressurization with 10.0 kPa using a pneumatic 
syringe. The actuator is composed of a silicone rubber
tube reinforced with eight aramid fibers on its axis with 
equal spacing. The length and the inside diameter of the 
actuator are 15 mm and 10 mm, respectively. The 
thickness of the tube is approximately 0.1 mm. 
In order to confirm the basic characteristic of the 

clamping actuator, we measured the inner pressure 
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versus radial expansion rate and volume increase rate of 
the actuator. However, the radial expansion rate means
the ratio of radial expansion against the initial diameter
of the actuator, and the volume increase rate means the 
ratio of the volume increase against the initial volume of 
the actuator. The results are shown in Fig.8. Note that, 
the inner pressure was increased using a pneumatic 
syringe. We confirmed the radial expansion rate and the 
volume increase rate increase as the inner pressure of 
actuator increases as can be seen in Fig. 8. The 
maximum radial expansion rate and the maximum 
volume increase rate are 97.2 % and 232.4 %, 
respectively, when pressurized with 10 kPa. This means 
the maximum radial expansion and the maximum 
volume increase are 9.4 mm and 2.7 ml, respectively.
4.2 Propelling actuator

Fig.9 shows the actual view of the propelling actuator. 
Fig. 9 (a) shows a basic configuration and Fig. 9 (b) 
shows its actual view when it extends due to 
pressurization with 60.0 kPa using a pneumatic syringe. 
The actuator is composed of a silicone rubber tube 
reinforced with eleven aramid fibers on its 
circumferential surface. The length and the inside 
diameter of the actuator are 20 mm and 5.0 mm, 
respectively. The thickness of the tube is approximately 

0.1 mm. The distance between each fiber is 2.0 mm.
In order to confirm the basic characteristic of the 

propelling actuator, we measured the inner pressure 
versus axial extension rate and volume increase rate of 
the actuator. However, the axial extension rate means
the ratio of axial extension against the initial length of 
the actuator. The results are shown in Fig.10. Note that, 
the inner pressure was again applied using a pneumatic 
syringe. We confirmed the axial extension rate and the 
volume increase rate increase as the inner pressure of 
the actuator increases as can been seen in Fig. 10. The 
maximum axial extension rate and the maximum 
volume increase rate are 81.4 % and 140.6 %, 
respectively, when pressurized with 60 kPa. This means
the maximum axial extension and the maximum volume 
increase are 17.1 mm and 0.6 ml, respectively.

5. ECF JET GENERATOR

5.1 Configuration 

The ECF jet generator could be a micro fluid pressure 
source of the actuator. There can be several types of 
electrode pairs which may generate the ECF jet, for 
example, a bar-shaped electrodes pair, a ring and needle
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electrode pair etc. In this study, we adopted the pair of 
ring and needle electrodes because this pair can easily 
be located in a channel and generates relatively high 
pressure [11]. Fig. 11 shows the schematic illustration of 
the ECF jet generator we designed. It is mainly 
composed of a needle-ring electrode pair, an electrode 
spacer, a frame, and covers. The electrode pair is of a 
brass ring, a tungsten needle, and a needle mount made 
of brass. The other parts are made of engineering plastic. 
The spacer keeps a gap of the electrode pair to an 
appropriate distance. The electrode pair and the spacer 
which are inserted into the frame are fixed by covers. 
The ECF jet is generated from the tip of needle through 
the ring bore when a high DC voltage is applied as
shown in Fig.11 (b).
5.2 Experiment 

We investigated the pressure and the flow rate 
characteristics with five types of electrode pairs shown 
in Fig. 12. Note that the electrode pairs B-E have
several needle-bore pairs in parallel. Diameter of needle 
electrode, bore diameter of ring electrode and electrode 
gap are 0.13mm, 0.3mm, and 0.2mm, respectively. The
experimental results are shown in Fig. 13 and Fig. 14. 
We used the ECF called FF-101EHA2 (New 
Technology Management Co. Ltd., Japan) as a working 
fluid. The physical properties of FF-101EHA2 are 
shown in Table I. Fig. 13 shows the generated pressure
of each electrode has little difference, possibly showing 
a slight decrease as the number of electrode pairs 
(needle-bore pairs) increases. We attribute this to the 
following reason. The maximum pressure may depend 
on the lowest pressure generated by a certain pair of 

needle and bore, that is, there must be some difference 
between pressures generated by each pair of needle and  
bore due to the manually assembling error.

On the other hand, Fig. 14 shows that the flow rate 
obviously increases as the number of the ring-bore pairs 
increases. Fig. 14 also shows that the flow rate is

Propelling actuator
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approximately proportional to the number of 
needle-bore pair except the case with the electrode pair 
D. The flow rate with the electrode pair D is 
approximately three times higher than that with the 
electrode pair A, despite the electrode pair D has four 
ring-bore pairs in parallel. This may be because of the 
influence of the location of needle-bore pairs. Namely, 
the ECF jet generated by the ring-bore pair located at 
the center does not work adequately. Consequently, the 
flow rate with the electrode pair D is almost the same as 
that with the electrode pair C. The maximum flow rate,
103.0 ml/min, was measured with the electrode pair E 
with the applied voltage of 6.0 kV.

As mentioned above we indicated the characteristics of 
the ECF jet generator, and it can be seen that the 
pressure generated by the ECF jet generator is large 
enough to drive the clamping actuator in Fig.8 and 
Fig.13. However, the pressure by the ECF jet generator 
is not large enough to drive the propelling actuator 
because the propelling actuator requires approximately 
60 kPa to drive as shown in Fig. 10. Hence, we 
confirmed the characteristics of the ECF jet generators
when arranged in series because it is theoretically clear 
that pressure may double by arranging two pressure

sources (ECF jet generator) in series. The experimental
results are shown in Fig. 15 and Fig. 16. Note that we 
use the Electrode pair B which has relatively high flow 
rate characteristics and simple configuration among five 
types of electrode pairs investigated in this study (cf. 
Fig. 12 and Fig. 14) because the propelling actuator 
does not require the large volume increase compared to 
the clamping actuator (cf. Fig.8 and Fig.10). In this 
experiment we used two ECF jet generators in total 
( Jet A and Jet B ), and we arranged Jet B at the 
upstream of Jet A . A distance between the rear end of 
needle electrode of Jet A and the ring electrode of Jet 
B is 1.4 mm. Owing to this arrangement, ECF jet may 
possibly be generated to unwanted direction ( Jet 
A to Jet B ); therefore we coated the rear end of 
needle electrode with an insulator. Fig. 15 and Fig. 16
show that the characteristics of two ECF jet generators 
are nearly equal. Fig. 15 also shows that the generated 
pressure doubles by arranging two ECF jet generators in 
series. The maximum pressure was 60.5 kPa with the
applied voltage of 6.0 kV. This means the pressure 
generated by two ECF jet generators arranged in series 
is large enough to drive the propelling actuator. On the
other hand, Fig. 16 shows that the flow rate slightly 
decreased by arranging two ECF jet generators in series. 
Hence we determined that we use the electrode pair E to 
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drive the clamping actuator, and two electrode pair B 
arranged in series to drive the propelling actuator.

6. DRIVING EXPERIMENT USING ECF JET

6.1 Actuators

In order to measure basic performances of the 
actuators, we constructed an experimental setup shown 
in Fig. 17(a) and Fig. 18(a). The main purpose of this 
experiment is to confirm the characteristics of the 
actuators when driven by ECF jet, so that the actuators,
the ECF jet generator and the ECF tank are arranged
separately, and they are connected with rubber tubes.
Inside of the actuator, ECF jet generator, and rubber 
tube are filled with the ECF. 

Fig. 17(b) and Fig. 18(b) shows an actual view of the 
motion of the actuators when a high voltage was applied 
to the ECF jet generator. However, the initial state is 
shown in Fig. 17(a) and Fig. 18(a). We measured the 
radial expansion rate of the clamping actuator and the 
axial extension rate of the propelling actuator with 
every 0.2 s in order to confirm step response of the 
actuators. The experimental results are shown in Fig. 19
and Fig. 20. It can be seen that the maximum radial 
expansion rate of the clamping actuator is 88.3 % when 
the applied voltage to the ECF jet generator is 3.7 kV as
in Fig.19. It is also confirmed the rise time of the 
clamping actuator with 3.7 kV step input is 3.5 s as can 
be seen in Fig. 19. On the other hand, it can be seen that 
the maximum axial extension rate of the propelling 
actuator is 81.8 % when the applied voltage to the ECF 
jet generator is 6.0 kV as in Fig.20. It is also confirmed 
the rise time of the propelling actuator with 6.0 kV step 
input is 2.4 s as can be seen in Fig. 20.

From this experiment, we confirmed that the actuator 
could be driven by the ECF jet as we proposed. 
6.2 Units

The clamping unit and the propelling unit we 

developed are shown in Fig.21 (a) and Fig.22 (a).  
Each unit is composed of the actuator, the ECF jet 
generator, and the ECF tank. Inside of the unit is filled 
with ECF. The ECF tank is made of silicone rubber tube.  
The thickness of the ECF tank is approximately 0.1 mm. 

The basic driving performance of each unit is
confirmed by experiments. The experimental results are 
shown in Fig. 21 (b), Fig. 22 (b), Fig. 23, and Fig. 24,
respectively indicating the motion of the clamping unit, 
the motion of the propelling unit, the step response of 
the clamping unit, and the step response of the 
propelling unit. From this experiment, we confirmed 
that each unit could be driven by the ECF jet as we
proposed. 

7. ECF IN-PIPE MOBILE ROBOT

7.1 Configuration 

Fig. 25 shows an ECF in-pipe mobile robot we 
developed. The in-pipe mobile robot is composed of the 
clamping units and the propelling unit as shown in 
Fig.25. The in-pipe mobile robot is 200mm long with 
the diameter of 10mm.
7.2 Experiment

Characteristics of the in-pipe mobile robot were 
confirmed by experiment in a 14 mm acrylic pipe. In 
the experiment, we applied the voltage of 3.7 kV to the 
ECF jet generator for the clamping units and 6.0kV to 
the ECF jet generator for the propelling unit. Fig. 26 
shows a photocopy of a motion of the robot. The 
symbols (a)-(d) in Fig.26 correspond to the symbols
(a)-(d) in Fig.6 which shows the designed operation. As 
shown in Fig.26, we demonstrated that the robot could
move in the 14 mm acrylic pipe as we proposed. The 
experimental results confirm the robot moves in the 14
mm acrylic pipe with 0.043 mm/s. Note that, we
appropriately switched the electrical input pattern
manually, since the main purpose of this experiment is

(a)

(b)

(c)

(d)
20 mm 

Fig.26.  Motion of the ECF in-pipe mobile robot

ECF jet
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to confirm the operating principle.
However it may be required for the robot to move 

much faster. The moving velocity of the robot can be
faster by improving the response of the actuators and 
the axial extension rate of the propelling actuator. The 
response can be improved by placing several electrode 
pairs in parallel in order to increase the flow rate of the 
ECF jet as we tested in Sec. 5.2. The axial extension 
rate of the propelling actuator can be improved by 
increasing the generated force of the propelling actuator. 
The force to extend the actuator itself is also used to 
extend the ECF tank in our prototype. So the axial 
extension rate of the propelling unit (Fig. 24) decreases
compared to that of the propelling actuator itself 
(Fig.10). Furthermore, when the in-pipe mobile robot 
moves, the force to extend the propelling actuator is 
also used to move the clamping actuator forward. The 
force of the propelling actuator can improved by placing 
several electrode pairs in series in order to increase the 
generated pressure of the ECF jet as we tested in Sec. 
5.2. Note that, the electrode pair required is extremely 
compact compared with the actuator itself.

8. CONCLUSIONS

This study proposed a novel inchworm like in-pipe 
mobile robot using the ECF. First, we proposed the 
concept of the in-pipe mobile robot. Second, we 
investigated the characteristics of the clamping actuator, 
propelling actuator, and the ECF jet generator, which 
are the essential components of the proposed robot. 
Third, we developed the clamping unit and the 
propelling unit, and confirmed our concept is reasonable.
Finally, we developed the ECF in-pipe mobile robot and 
demonstrated that the robot can move in a 14 mm 
acrylic pipe with 0.043 mm/s.

Our future study focuses on the improvement of 
configuration of the actuator, the unit, and the ECF jet 
generator, and controlling the ECF in-pipe mobile robot.
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ABSTRACT 

 
We are proposing a liquid rate gyro named “ECF micro rate gyro”. Although the sensing principle is based on that of a 

conventional gas rate sensor, the liquid micro rate gyro works by an electro-conjugate fluid (ECF) instead of a gas. The 
electro-conjugate fluid is a dielectric fluid that works as a functional fluid, generating a powerful jet flow (ECF jet) 
when subjected to a high DC voltage. In our concept model, an ECF micro rate gyro was made by machines and 
handwork. In this study, we propose a MEMS fabrication process of ECF jet generator, flow channel and sensing hot 
wire, which are parts of the ECF micro rate gyro. By using MEMS technology, we can downsize and integrate an ECF 
micro rate gyro. Then we perform functional test of the fabricated prototype and confirmed a function as a rate gyro. 
 

 
KEY WORDS 

 
Rate Gyro, Functional Fluid, MEMS, ECF 

 
 
 
 

INTRODUCTION 
 

A rate gyro is a sensor which detects angular rate of 
moving objects and is widely used in various mechanical 
systems. It has some subtypes depending on their 
operation principles [1] (Fig.1). Optical gyros and 
mechanical gyros have high accuracy and can detect very 
small angular rate such as daily or orbital motion of the 
earth. They are used for aircraft navigation and north 
seeking and their prices are high. Gas rate gyros have 
middle accuracy and are used for high-dynamic 
application such as flying objects and space ships. But 
their bulky size and high cost make their application 
limited. Vibration gyros fabricated by MEMS technology 
have relatively low accuracy but their low cost makes 
themselves standard rate gyros in recent consumer  

 
 
applications including car navigation and digital cameras 
[2-4]. But they have some problems due to having 
vibrating element inside such as sensitivity to outer 
vibration and low impact resistance. And about 20 years 
have passed since the emergence of the MEMS based 
vibratory gyro, desire for a new type of rate gyro has 
arisen. 

The authors introduced an electro-conjugate fluid or 
ECF [5] to realize a promising candidate for new type of 
rate gyro [6-9]. The ECF is a kind of smart fluid which 
generates a powerful jet flow when subjected to high DC 
voltage. This means the ECF could be used for fluid 
power systems without any bulky pumping systems 
[10-15]. The proposed “ECF liquid rate gyro” which 
measures the drift of the ECF jet due to Coriolis force 
when an angular rate is applied. We confirmed the 
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Fig.1 Performance vs. price relation of gyroscope [1] 

 
 

 
 
 
 
 

 
 
 
 
 

Fig.2 Schematic of ECF jet 
 
rotation detection function of our concept model and 
addressed some practical problems found in the concept 
model [6-8]. These results show the possibility of the 
ECF rate gyro as a next generation standard micro rate 
gyro. Then we tried to fabricate some of the parts for 
ECF rate gyro by MEMS fabrication process and have 
gotten MEMS-based ECF jet generator and sensing flow 
channel [9]. In this study, in addition to an ECF jet 
generator and sensing flow channel, we try to fabricate a 
sensing hot film by MEMS technology and have an ECF 
micro rate gyro fully made by MEMS technology.  
 

 Principle of the ECF rate gyro 
 

Fig.3 shows the schematic view and operation 
principle of an ECF rate gyro. The ECF rate gyro mainly 
consists of ECF jet generators, channel separation walls 
and hotwires. When a high DC voltage is applied to the 
ECF jet generators, the ECF jet is generated to form the 
total jet flow which circulates inside the channel. The jet 
stream ejected from a nozzle moves to sensing hotwires 
and cools them. In static condition, each sensing hotwire 
is cooled equally and no output change is observed from 
the bridge circuit. When a rotation is applied, the ECF 
stream drifts due to Coriolis force and resulted in 
unbalanced cooling of the hotwires. And we can know 
the angular rate from the output change from the bridge 
circuit (Fig.4). A functional test result of our previous  

 
 
 
 
 
 
 
 
 
 
 
 

Fig.3 Schematic view of ECF micro rate gyro and 

principle of scanning angular rate 
 
 
 
 
 
 
 
 
 
 
 

Fig.4 Sensing principle of ECF micro rate gyro 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
Fig.5 Functional test of previous ECF micro rate gyro 

 
 
ECF micro rate gyro [8] is shown in Fig.5. As can be 
seen, the ECF micro rate gyro (red line) outputs a 
voltage in response to the input rotation rate, which is 
calibrated by a reference MEMS gyro (black line). 

 
Fabrication process of MEMS-based  

ECF micro rate gyro 
 

In our concept model (Fig.3), we used a 
needle-plate electrode pair as an ECF jet generator (Fig.6 
(a)), tungsten hot wire for sensing and PEI 
(polyetherimide) channel wall. Each part is processed by 
machines and assembled by hand. The use of a machined  
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(a) Needle-plate electrode pair 
 
 
 
 
 
 
 

(b) Planar saw tooth electrode 
 

Fig.6 Examples of the ECF jet generator electrode 
 
 

 
 
 

 
 
 
 
 
 
 

 
Fig.7 Triangular prism and slit electrode 

 
 

part limits miniaturization and mass productivity. And 
the hand assembly can easily be a cause of error and also 
be a barrier for mass production. So we here fabricate all 
of these parts by MEMS process to overcome above 
mentioned problems. 

 
ECF jet generator 

There are some types of electrode pairs which 
generates the ECF jet [15, 16]. Among them, a 
needle-plate electrode pair produces strong ECF jet but 
has bulky size. A planar saw tooth electrode has thin 
structure and suitable to be fabricated by MEMS process, 
but it generates relatively weak ECF jet. As a combined 
form of the needle-ring electrode pair (Fig.6 (a)) and the 
planar saw tooth electrode (Fig.6 (b)), we proposed a 
triangular prism and a slit electrode pair (Fig.7) as it has 
adaptability to MEMS fabrication process and is 
supposed to generate strong ECF jet [9]. In this case the 
ECF jet is thought to be generated in the direction from 
the apex of the triangular prism electrode to the slit 
electrode. Fig.8 (right) shows the dimensions of 
electrode pair used in this study. The height of the  
 

 
 

 
 
 
 
 
 
 
 
 
 
  
Fig.8 Dimensions of wall and electrodes [mm] 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.9 SEM image of fabricated triangular prism and slit 

electrode pair 
 
 
 

 
electrodes is set to 0.5mm as in our partly MEMS-based 
model [9]. We fabricate these electrodes by a kind of 
electroforming process as described in ref. [9]. SEM 
image of fabricated electrode is shown in Fig.9. 
 
Flow channel for sensing 

Channel separation walls and a nozzle are 
constructed by a negative resist SU-8. This process is 
done by coating SU-8 on glass wafer followed by 
patterning of it to form channel separation walls and a 
nozzle (Fig.8 (left)). Height of fabricated channel 
separation walls was 1mm. Finally we fabricate ECF jet 
generator electrodes and the flow channel within 1mm 
thickness, which is much thinner than our previous ECF 
micro rate gyro fabricated by machines and handwork, 
by using MEMS fabrication process. 
 
Hot film for sensing 

In addition to an ECF jet generator and sensing 
flow channel, we try to fabricate a sensing hot film, 
instead of tungsten hot wire in our previous model, by 
MEMS technology. It is difficult to construct such a 3D 
structure like a hot wire used in our previous model by 
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MEMS fabrication process because it has a stand-off 
structure which is aligned in the center of flow channel’s 
height. So here we propose a hot film formed on a bridge 
between posts both of which are constructed by SU-8 
(Fig.10).  
     A glass wafer is used as a base for the hot film. 
First, negative resist SU-8 is coated on the glass base 
followed by patterning to form three posts (Fig.11 (a)). 
Next a light blocking material (Cu) is deposited on SU-8 
to form bridges between the posts (Fig.11 (b)). Coating a 
thin layer of SU-8 and patterning to complete SU-8 posts 
and bridges after removing unexposed SU-8 (Fig.11 (c) 
(d)). Then a stencil mask, which is patterned to form a 
sensing hot film, is overlaid and sputtering Cr and Au 
over it (Fig.11 (e) (f)). Then conductive epoxy is put 
between the metal film and electrode pad on the glass 
base for output wiring (Fig.11 (g)). And finally Ni 
plating is performed on the conductive area to confirm 
conductivity (Fig.11 (h)). Dimension and SEM image of 
the fabricated sensing hot film is shown in Fig.12.  
      
Preparation of the test sample    

We construct a test sample by mounting fabricated 
electrodes and flow channel on the base and fill the 
channel with ECF (FF8-EHA2; New Technology 
Management). After that cover with the hot film is 
overlaid on the base (Fig.13). A silicon rubber sheet is 
used as a shim to fill the gap between the jet generator 
and the cover. Fig.14 is a schematic of fabricated test 
sample. This sample has the channel volume of 10 8
t1mm3, much less volume than that of our machined 
model (16.6 10.6 t1.5mm3). Fig.15 shows a 
schematic of operation of the fabricated ECF micro rate 
gyro. 

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.10 Conceptual illustration of sensing hot film 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
    (a) Coating SU-8 on a glass and patterning to  

form three posts. 
    (b) Light blocking material is deposited to form 

bridges between the posts. 
    (c) Coating thin SU-8 and patterning to form final 

form of posts and bridges. 
    (d) Developing SU-8. 
    (e) A stencil mask is overlaid. 
    (f) Sputtering Cr and Au over a stencil mask to form 

hot film for sensing. 
    (g) Wiring hot film to electrode by conductive 

epoxy. 
    (h) Ni plating to confirm conductivity. 
    
       Fig.11 Fabrication process of sensing hot film 
 
 
 
 
 
 
 
 
 
 
 

(a) Dimensions               (b) SEM image 
 
 
          Fig.12 Fabricated sensing hot film 
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Fig.13 Preparation of Test Sample 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
  Fig.14 Schematic of operation of the fabricated  

ECF micro rate gyro 
 
 

Functional test of ECF micro rate gyro 
 
Functional Test Setup   

Functional test of the fabricated ECF micro rate 
gyro is performed on a rotation rate table. The setup is 
shown in Fig.15. The fabricated test sample, a high 
voltage power source (HV-10P, Matsusada Precision Co., 
Ltd., Japan), and a reference gyro with accuracy of 
<0.2 %F.S. (AU4522, Tamagawa Seiki Co., Ltd.) are 
located on a rotary table. The angular rate of the rotary 
table can manually be controlled. The input voltage to 
the jet generator is up to 6 kV. The input current to the 
hotwires can be varied (set to 80mA in this study). Since 
the output from the hot wire bridge Vout is very low, we 
amplify the signal at a signal converter which is also 
located on the rotary table. In addition, we can insert a 
first order low pass filter to the signal if necessary. The 
output signal from the concept model is expected 
negative against the signal at 0º/s when the rotary table 
rotates in clockwise (CW) with observing from the upper 

 
 
 
 
 
 
 
 
 
 

Fig.15 Functional test setup 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.16 Functional test result of ECF micro rate gyro 
 
 
side. On the other hand, it is expected positive when 
rotating in counter clockwise (CCW). 
 
Functional Test Results    

The ECF jet can be generated when a high voltage 
is applied to the ECF jet generator located on the channel 
base as mentioned above. In our concept model, when 
the needle is connected to the ground and the plate is to 
the positive, we obtained higher sensitivity and lower 
noise property [6]. Hence we connected the triangular 
prism electrode to the ground instead of connecting the 
needle electrode to the ground, and the slit electrode to 
the positive instead of connecting the plate electrode to 
the positive. Fig.16 shows the output signals from the 
test sample and the reference gyroscope, where the gain 
at the signal converter is 550, the cutoff frequency is 8.6 
Hz, ECF drive voltage is 0.31kV and the hotwire current 
is set to 80mA. From Fig.16, fabricated fully 
MEMS-based ECF micro rate gyro is functional as a rate 
gyro. But a sensitivity of the rate gyro (0.1mV/°/s) is 
much lower than those of our machined model (11.7 
mV/°/s) and our partly MEMS-based model (3.9 mV/°/s). 
This may be caused by a lower resistance of fabricated 
sensing hot film than tungsten hot wire used in our 
machined and partly MEMS-based ECF rate gyro as 
discussed later. And there exists asymmetry between 
output for CW and CCW rotation rate. This is also 
attributed to resistance of fabricated hot film.  
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          (a) Total view of fabricated hot film 
 
 
 
 
 
 
 
    (b) r2 side(Expanded)    (c) r1 side(Expanded) 
 
    Fig.17 Detailed examination of fabricated hot film 
 
Characterization of fabricated hot film 

Magnified view of fabricated hot film is shown in 
Fig.17. There exists unbalanced film thickness between 
left side (r2; Fig.17 (b)) and right side (r1: Fig.17 (c)), 
approximately 10μm for r1 and 1μm for r2. And 
measured resistance is 0.2Ω for r2 and 0.4Ω for r1. 
Measured resistance is much lower than that of tungsten 
hot wire used in our machined and partly MEMS-based 
model, approximately 5Ω each. This may be a cause of 
lower sensitivity observed in Fig.16 because the low 
resistance hot film has low ability to generate heat and 
differential of resistance against temperature change 
(dR/dT), which is caused by cooling sensing hot film by 
ECF flow might also be low. As a same manner, because 
r2 has lower resistance than r1, differential of resistance 
r2 against temperature change (dR2/dT) might be lower 
than that of r1 (dR1/dT). This explains the output 
asymmetry also observed in Fig.16. When CW rotation 
is applied, ECF flow is drifted to the direction for r1. 
And when CCW rotation is applied, ECF flow is drifted 
to the direction for r2. So sensitivity for CW rotation 
(flow drifts to r1 direction) is higher than CCW rotation 
(flow drifts to r2 direction). 

These results show that uncontrolled thickness of 
metal for sensing hot film may have affected the property 
of the rate gyro. So the precise control of the metal film 
thickness is required to improve the property of sensing 
hot film. And for highly sensitive hot film, stand-off 
metal film is desirable [17, 18]. The hot film fabricated 
in this study is laid on 80μm SU-8 layer. This might also 
be a cause of low sensitivity as a part of generated heat is 
absorbed by SU-8. To have improved sensing hot film, 
we are planning to fabricate stand off metal hot film, 
which will be designed to have higher and uniform 
resistance. 
 

CONCLUSIONS 
In addition to previously proposed ECF jet 

generator and the channel separation wall, we here 
fabricate the sensing hot film by MEMS process and has 
achieved fully MEMS-based ECF micro rate gyro. And 
we perform functional test of the rate gyro constructed 
by these parts. Functional test results show that this fully 
MEMS-based ECF rate gyro is functional but has a low 
and asymmetrical sensitivity. They are attributed to low 
and asymmetric resistance of fabricated sensing hot film. 
Further study is necessary to have a sensing hot film 
which has higher and uniform resistance.  
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ABSTRACT 

The paper presents a novel micro mobile hydraulic system using ERF (electro-rheological fluid) for in-pipe working 
micromachines, etc. The hydraulic system generates high power motion irrespective of the system posture. First, a 
micro rolling diaphragm actuator (MRDA) equipped with an ER valve is proposed and developed. The MRDA is a fluid 
power microactuator which has long stroke and large output force. The ER valve controls ERF flow by the apparent 
viscosity increase due to the applied electric field. Second, an FI micropump for high viscosity fluids like ERFs is 
developed, which generates high output fluid power utilizing fluid inertia (FI) effect in a pipe. In addition, a sealed 
flexible tank is developed to adapt the posture and the ERF amount changes of the tank. Finally, a micro mobile 
hydraulic system is constructed using the above-mentioned elements and the validity is confirmed through experiments. 

KEY WORDS

Micromachine, Mobile hydraulics, ERF (electro-rheological fluid), Microactuator, Micropump 

INTRODUCTION

For micromachines performing power-needed tasks such 
as in-pipe working micromachines as shown in Figure 1 
[1][2], etc., micro mobile hydraulic systems which 
generate high power motion irrespective of the system 
posture are required. In this paper, we propose and 
develop a micro mobile hydraulic system using ERF 
(electro-rheological fluid). The ERF increases its 
apparent viscosity remarkably and reversibly when 
subjected to electric field. 
We have been developing ER microactuators which are 
combinations of ER valves and fluid power 
microactuators [3][4]. The ER valve controls the ERF 
flow by the electric field applied with fixed electrodes. 

Figure 1 In-pipe working micromachine 
using fluid power 
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The ER microactuator controls the high density fluid 
power [5] with simple and miniaturizable structure. 
As fluid power microactuators, bellows are the 
promising candidates, however, ratio of the extension to 
the free length, which is called the “extension ratio,” 
hereafter, of conventional metal bellows is about 20 % 
due to the permanent deformation and large free length is 
required for the sufficiently long stroke. Rubber bellows 
have large extension ratio, however, the allowable 
pressure and the output force are not so high. 
In this study, a micro rolling diaphragm actuator called 
“MRDA” is proposed, which utilizes a rolling diaphragm 
which can linearly extend long stroke with enclosing the 
working fluid. Then an MRDA equipped with an ER 
valve is proposed and developed, which has compact 
structure, large extension ratio, and large output force. 
As a fluid power source, an FI micropump [6] is 
developed for high viscosity fluids like ERFs. The FI 
micropump utilizes fluid inertia (FI) effect in a pipe and 
has realized high output fluid power in water pumping. 
In addition, a sealed flexible tank is developed to adapt 
the posture and the ERF amount changes of the tank. 
Finally, a micro mobile hydraulic system is constructed 
using the above-mentioned elements. The characteristics 
and the validity are investigated experimentally. 

MICRO ROLLING DIAPHRAGM ACTUAOTR 

(MRDA) EQUIPPED WITH ER VALVE 

Proposition of MRDA equipped with ER valve 

There are several fluid power actuators such as 
piston-cylinders, diaphragms, metal bellows, rubber 
bellows, and rolling diaphragm-cylinders [7]. The 
piston-cylinders have long stroke and high output force 
due to high allowable pressure, however, the 
miniaturization needs special improvements to prevent 
leak and friction [8]. The diaphragms have simple 
structure and high output force, however, the strokes are 
very small for in-pipe working micromachines, etc. The 
metal bellows have high output force due to high 

allowable pressure and miniaturizable simple sealed 
structure without sliding parts, however, the extension 
ratio is up to 20 % due to the permanent deformation. 
The rubber bellows have large extension ratio and 
miniarturizable simple structure, however, they can not 
generate high output force due to low allowable pressure. 
The rolling diaphragm-cylinders have large extension 
ratio and high output force, however, the miniaturization 
potential has not been investigated yet. Hence, in this 
study, miniaturization of the rolling diaphragm-cylinder 
is investigated. 
Figure 2 shows schematics of the proposed MRDA. The 
MRDA consists of rolling diaphragm, piston, cylinder, 
base, guide, and spring. With increasing the inner 
pressure of the MRDA, it extends with decreasing the 
overlap part length. With decreasing the inner pressure, it 
contracts due to the outside spring force. Different from 
the conventional rolling diaphragm-cylinders [7], with 
locating the spring outside, the small free length is 
realized. The extension ratio is expected to realize up to 
60 % based on the geometry. Also, as the rolling 
diaphragm is in a cylinder, high pressure can be applied, 
which results in high output force. 
The ER valve for the MRDA is a three-port type which 
has two pairs of parallel plate electrodes and changes the 
control pressure due to the viscosity change with the 
applied electric field. With maintaining the sum of 
electric field strengths in the upstream and downstream 
electrode pairs constant, increase/decrease of the 
downstream electric field strength results in 
increase/decrease of the control pressure and in 
extension/contraction of the MRDA. 

Fabrication of MRDA 

Figure 3 shows schematics of the fabrication process of 
the MRDA. As the material of the rolling diaphragm, 
silicone rubber was employed due to the high flexibility 
and the easiness of fabrication. The content ratios of 
silicone rubber, silicone solution, and diluent were 
determined experimentally. The piston, cylinder, and 

Figure 2 Proposed micro rolling diaphragm actuator 
(MRDA) Figure 3 Fabrication process of MRDA 
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base were made of engineering plastic. The guide was 
made of tungsten. 
In the fabrication, first, the mixture of the silicone rubber 
was applied to the vertically supported taper mold, 
thermally cured, and peeled off (Figure 3(a)). Second, 
the rolling diaphragm was bonded to the piston and a 
guide hole was dug (Figure 3(b)). Third, the rolling 
diaphragm was bonded to the base with guide (Figure 
3(c)). After this process, molybdenum disulfide was 
applied on the rolling diaphragm outside as lubricant. 
Finally, the cylinder and the spring were bonded to the 
base with guide. 
The optimal structural parameters were investigated 
through experiments. As a result, thickness 0.10 mm and 
taper angle =9.5  of the rolling diaphragm were 
obtained. 

Static characteristics of the MRDA 

In considering application to small in-pipe mobile 
machines, an MRDA was fabricated with 10 mm 
diameter, 15 mm length, and designed extension ratio of 
17 % (2.5 mm stroke). In this fabrication, for simplicity, 
a standard spring with large free length was used and the 
extension ratio is small. The rolling diaphragm has 
height h=3.0 mm, top diameter d1=6.0 mm, bottom 
diameter d2=7.0 mm (taper angle =9.5 ) and thickness 
0.10 mm. The spring constant is 1.8 kN/m. The MRDA 
is used as a part of the MRDA equipped with an ER 
valve in the next section. 
The static characteristics were experimentally 
investigated. The output displacement of the MRDA was 

measured without load using pneumatic pressure. Figure 
4 shows the measured results. The output displacement 
begins to increase about at 50 kPa which is the balanced 
point between the force due to pressure and the spring 
contraction force to the minimum length. It has 
hysteresis due to the friction and deformation. The 
increasing rate of the output displacement is decreased 
about at 150 kPa because the overlap part of the rolling 
diaphragm extends due to the excessive pressure and it 
contacts with the upper plate of the cylinder. 
To verify the larger extension ratio, small length MRDA 
was fabricated as shown in Figure 5. The MRDA has 10 
mm diameter, 5.6 mm length, and designed extension 
ratio of 54 % (3.0 mm stroke). Figure 6 shows the 
measured output displacement without load. At pressure 
50 kPa, the MRDA begins to extend. The measured 
extension ratio is 52 %, which agrees well with the 
designed value. It was confirmed that the MRDA has 
large extension ratio. 

Fabrication of MRDA equipped with ER valve 

An ER valve was fabricated with 9.5 mm diameter and 
2.0 mm length as shown in Figure 7. The ER valve has 

Figure 4 Measured static characteristics of MRDA 

Figure 5 Fabricated small length MRDA 

Figure 6 Measured static characteristics of 
small length MRDA 

Figure 7 Fabricated ER valve 
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upstream and downstream flow channels, each of which 
has 2.5 mm width, 3.4 mm length, and 0.15 mm height 
that is the electrode gap length. 
Figure 8 shows the measured static characteristics with 
different supply pressures as a parameter. The ERF was a 
nematic liquid crystal (MLC-6457-000, Merck Ltd., 
Japan. Base viscosity 23 mPa s at 23 C). The sum of 
electric field strengths in the upstream and downstream 
flow channels was 5 kV/mm. Based on the results, it was 
confirmed that there are no hystereses for every supply 
pressures. The control pressure range are 61, 68, and 62 
kPa for supply pressures 100, 150, and 200 kPa, 
respectively. The control pressure range to the supply 
pressure decreases with increasing supply pressure, 
which is due to lower ER effect for higher flow 
velocities. 
An MRDA equipped with an ER valve was fabricated 
with 10 mm diameter and 17 mm length using the 

MRDA fabricated in the previous section and the ER 
valve mentioned above. Figure 9 shows the measured 
static characteristics. As the control pressure range is 
almost same for the different supply pressures, the 
maximum output displacement is 0.9 mm at supply 
pressure 150 kPa at which the MRDA has linear 
characteristics without saturation. The output 
displacement has also hysteresis due to the 
characteristics of the MRDA. 

FI MICROPUMP AND SEALED FLEXIBLE TANK 

A piezoelectric micropump using fluid inertia (FI) effect 
in a pipe called the “FI micropump” [6] was newly 
developed for high viscosity fluids like ERFs. 
Figure 10 shows schematics of the FI micropump. The 
pump consists of a reciprocating pump chamber driven 
by a multilayered PZT actuator, an inlet check valve, and 
an outlet pipe with small diameter. An accumulator, 
which consists of a flexible tube in this study, is attached 
to the outlet in the actual device and the outlet pressure is 
constant. In the chamber above the inlet check valve, a 
plastic diaphragm is installed as a buffer to maintain the 
inlet pressure constant in the actual device. 
In a pumping period shown in Figure 10(a), the PZT 
actuator contracts the pump chamber, the inner pressure 
increases, the inlet check valve closes, and the working 
fluid flows out through the outlet pipe at a high flow 
velocity. In the subsequent suction period shown in 
Figure 10(b), the PZT actuator expands the pump 
chamber, the inner pressure decreases, and the working 
fluid flows in through the opened inlet check valve. At 
the same time, in the outlet pipe, the flow is going to 

Figure 8 Measured static characteristics of 
ER valve 

Figure 9 Measured static characteristics of MRDA 
equipped with ER valve 

(a) Pumping period 

(b) Suction period 

Figure 10 Working principle of FI micropump 
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maintain due to the fluid inertia (FI) effect in the outlet 
pipe with a liquid column separation. Thus, the pump 
flows out the working fluid in not only the pumping but 
also the suction periods and realizes an outlet flow rate 
higher than the value estimated with the displacement. 
Through experiments, an output fluid power up to 0.22 
W for water pumping has been realized by an FI 
micropump with 2.3 cm3 in volume [6]. 
For pumping high viscosity fluids like ERFs, a 
multi-reed valve was proposed as the inlet check valve. 
Also, the size of the outlet pipe was optimized [9]. 
Figure 11 shows the fabricated FI micropump with 10 
mm in diameter. The volume is 1.3 cm3 which is 60 % of 
the previous pump [6]. 
Figure 12 shows the measured load characteristics of the 
FI micropump. The working fluid was silicone oil which 
had viscosity 19 mPa s similar to the nematic liquid 
crystal used in this study. The driving voltage of the PZT 
actuator had 100 Vpp amplitude, 70 V offset, and 

frequencies of 2.0, 2.5, amd 3.0 kHz. The maximum 
output fluid power of 65 mW was obtained. 
Furthermore, to adapt the posture and the ERF amount 
changes of the tank, a sealed flexible tank made of 
polyethylene film was fabricated with 1.5 cm3 in volume. 

MICRO MOBILE HYDRAULIC SYSTEM 

By integrating the MRDA equipped with an ER valve, 
the FI micropump, and the sealed flexible tank, a micro 
mobile hydraulic system was constructed as shown in 
Figure 13. 
Figure 14 shows an example of the measured step 
responses. The stroke 0.4 mm was successfully obtained, 
which shows the sealed tank system can work similar to 
a conventional open tank system. The rise times were 0.3 
s for extension and 0.2 s for contraction. 

CONCLUSIONS 

In this paper, we proposed and developed a micro mobile 
hydraulic system using ERF which generates high power 

Figure 11 Fabricated FI micropump 

Figure 12 Measured load characteristics of 
FI micropump 

Figure 13 Micro mobile hydraulic system using ERF

Figure 14 Measured output displacement of 
micro mobile hydraulic system 
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motion irrespective of the system posture. The main 
results are summarized as follows: 
1) A micro rolling diaphragm actuator (MRDA) was 
proposed, which has compact structure, large extension 
ratio, and large output force. 
2) An MRDA equipped with an ER valve was fabricated 
with 10 mm in diameter and experimentally 
characterized. 
3) An FI micropump using fluid inertia (FI) effect in a 
pipe was developed with 9.5 mm in diameter for high 
viscosity fluids like ERFs. 
4) A micro mobile hydraulic system was constructed by 
integrating the above-mentioned elements and the 
validity was confirmed experimentally. 
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ABSTRACT

Study on electrodes, which are inserted into electro-conjugate fluid (ECF) and generate ECF jet, is still in progress. A
sort of so-called triangular-prism-slit (TPS) electrode structure was proposed and it is often thought as a promising 
candidate for future ECF effect applications thanks to its relatively high performance and easy fabrication. Besides 
considering power density characteristic of ECF effect and miniaturization demands, micro TPS electrodes as minimal 
as several hundred micrometers show more attractive and significant. This paper is primarily about parameter 
optimization for micro TPS electrodes at a common operating point. The four researched structure parameters include
thickness and slit width of slit electrode, tip angle of triangular-prism electrode and gap between them, while
performance is evaluated by output pressure, flow rate and power. The micro TPS electrodes are fabricated by MEMS 
technology and the optimization work is realized by four corresponding groups of comparison experiments.

KEY WORDS

Functional fluid, Electro-conjugate fluid, Micro triangular-prism-slit electrode pair, Parameter optimization, MEMS

INTRODUCTION

Electro-conjugate fluid (ECF) is a kind of dielectric and 
functional fluid, which generates a powerful jet named 
ECF jet when electrodes inserted into it are subjected to
a constant voltage of less than one thousand volts, as 
shown in Fig.1. Accordingly, this phenomenon that 
appears in the ECF is called ECF effect and electric 
energy is converted directly to kinetic energy of the ECF. 
Moreover it should be noticed that even though it is 
necessary to generate ECF jet with a high voltage, the 

current is always as low as several microamperes after 
voltage is applied.
Apart from the complicated theoretical principal on 
ECF effect temporarily, based on such interesting 
energy transformation process of ECF, various 
engineering applications have been proposed and 
studied. For examples, Fig.2 (a) presents a 
cylindrical-rotor-electrode type micromotor with 2mm 
inner diameter. A rotor with pairs of electrodes located 
on the surface is inserted in a cylindrical vessel. When 
high voltage is applied to the electrodes, the reaction 
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force of the generated ECF jet flow is directly converted 
to rotation [1]. Fig.2 (b) demonstrates a liquid micro 
rate gyroscope with good impact resistance. ECF jet 
flow is produced by electrode array and continuously 
cools down two hot wires. If angular rate is applied to 
the gyroscope, the flowing ECF jet drifts due to Coriolis 
force, resulting in temperature difference for the hot 
wires. As a result, the output voltage from hot wire 
bridge will change because the electrical resistance of 
hot wires is related to temperature [2].

Figure 1 ECF effect

Direction
of rotation

ECF jet

Electrodes Electrode array

ECF jet

Hot wires

(a) (b)
Figure 2 Examples of ECF effect applications

According to numerous instances including the 
mentioned above, it is obvious that electrodes producing 
ECF jet possess a major influence on the performance 
of all ECF applications. Consequently, they have been 
investigated attentively since researchers were 
interested in the ECF phenomenon. Several electrode 
structures were proposed and developed, e.g. planar 
parallel rod-like electrode array as well as its derivatives, 
ring-needle electrode pair, and triangular-prism-slit 
(TPS) electrode pair or array, as shown in Fig. 3.

Ring electrode

Needle
electrode

Slit electrode

Triangular-prism
electrode

Planar electrode

Substrate

(a) Planar parallel
electrode array

(b) Ring-needle
electrode pair

(c) Triangular-prism-
slit electrode pair

Figure 3 Electrode structure

Among these electrode varieties, the TPS electrode 
structure elongating vertical height of planar electrode 
patterns is often considered as the most promising 
electrode structure candidate for future ECF effect 
applications, thanks to its great merits of combining 
relatively high performance and easy fabrication by 
MEMS technology or traditional machining [3, 4, 5].
Using ECF named FF-1EHA2 as working fluid, structure 
parameter optimization research for the TPS electrode 
structure at some operating points in several millimeters 
feature size was finished by a series of comparison 
experiments. Several significant design rules were well 
summarized. By reviewing this study, it shows that 
structure parameters, including thickness and slit width 
of slit electrode, tip angle of triangular-prism electrode 
and electrode gap between two electrodes, play great 
roles in performance of the usual TPS electrode pair [6].
However, in consideration of miniaturization demands of 
ECF effect applications and power density characteristic 
of ECF effect as shown in Fig.4, micro TPS electrodes as 
minimal as several hundred micrometers have higher 
power density and show more attractive, compared to 
electrodes in several millimeters or above feature size
[7]. Therefore, this research conducts parameter 
optimization of micro TPS electrodes fabricated by 
MEMS technology in tiny dimension. Referring to the 
former research, structure parameters such as thickness, 
slit width, tip angle and electrode gap are still selected as 
studied parameters.

Figure 4 Comparison between ECF motors and
electromagnetic motors

In this paper, research scheme and micro TPS electrode 
array are described in section 2. Then fabrication 
procedure of ECF jet generator is presented in section 3.
Section 4 describes experimental apparatus. Finally, 
conclusion is given in section 5.

RESEARCH SCHEME AND

MICRO TPS ELECTRODE ARRAY 

Research scheme

As mentioned in introduction section, the researched 
parameters of the micro TPS electrode pair contain 
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thickness, slit width, tip angle and gap which are 
indicated respectively by symbols t, w, and d illustrated 
in Fig.5. 

w

d

t

Figure 5 Structure parameters

Allowing for previous parameter optimization research 
scheme and conclusions on TPS electrode pair in 
several millimeters feature size, a common operating 
point shown in Table 1 is selected for the micro TPS 
electrode pair as well, and the influence of every 
parameter on its performance is evaluated by many 
comparison experiments in which every parameter is set 
to a series of discrete values near the operating point.

Table 1 Values of the operating point

Parameter Thickness Slit width Tip angle
[°]

Gap

Value 200 200 45 200

Moreover, an important assumption that the four
structure parameters are independent and uncoupled is 
made to simplify our research issue. Consequently, all 
comparison experiments are divided into four groups 
corresponding to four parameters. In every group, the 
researched parameter varies near the operating point 
value and the other three parameters are equal to their 
corresponding values of the operating point. The 
parameter values of four comparison experiment groups 
corresponding to four researched parameters are listed 
respectively in Table 2.

Table 2 Parameter values of all comparison experiments

Group 
number

Corresponding 
parameter Other parameters

1 Thickness
t=200, 300, 400

Slit width w=200
Tip angle =45°
Gap d=200

2 Slit width
w=100, 200, 300

Thickness t=200
Tip angle =45°
Gap d=200

3 Tip angle
=30°, 45°, 60°

Thickness t=200
Slit width w=200

Gap d=200

4 Gap
d=150, 200, 250

Thickness t=200 m
Slit width w=200

Tip angle =45°

Micro TPS electrode array

For the purpose of generating relatively higher output 
pressure and flow rate, four pairs of micro TPS 
electrodes with high aspect-ratio is designed. One pair 
of electrode indicated here consists of one minus 
triangular-prism electrode and one plus slit electrode. 
All minus and plus electrodes are connected by their 
own thin copper conductor layer, respectively. 
In addition, allowing for it difficult to finish sharp edge 
for MEMS fabrication process and we intend to reduce 
resistance of electrode shape to ECF jet flow, each 
intersection of plane surfaces on electrodes is change to 
arc transition. The final structure of micro TPS 
electrode array is illuminated in Fig.6.

One pair of electrode

Conductor layer of
plus electrodes

Conductor layer of
minus electrodes

t

w

d

Figure 6 Structure of micro TPS electrode array

FABRICATION OF ECF JET GENERATOR 

The fabrication processes of ECF jet generator, which is 
an assembly of micro TPS electrode array, case and 
sealing component, mainly contain production of micro 
TPS electrode array and final assembly. 
Production of micro TPS electrode array

The micro electrode array is produced by ultraviolet 
(UV) photolithography. In order to obtain electrodes
with high aspect-ratio, negative photoresist KMPR 1035
is used as a micromold for nickel electroplating to form 
the main part of electrodes. The height of electrodes is 
determined by thickness of the micromold and is 
designed to 500 to achieve higher aspect-ratio. In 
addition, all micro electrode arrays in twelve
comparison experiments as shown in Table 2 are 
designed in one glass wafer to guarantee that all 
electrode arrays are finished in the same conditions and 
have nearly the same electrode height.
The complete fabrication process is illuminated in Fig.7
and explained as follows: (a) deposition of a titanium
layer and a gold layer on a glass wafer successive; (b) 
spin coating, exposure and development of positive 
photoresist S-1805 and etching of gold layer and 
titanium layer one after another; (c) removal of 
unexposed photoresist S-1805; (d) nickel electroplating; 
(e) spin coating of negative photoresist KMPR 1035; (f) 
exposure and development of KMPR 1035; (g) RIE 
treatment and nickel electroplating; (h) removal of 
exposed KMPR 1035; (i) gold electroplating; (j) spin 
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coating of negative photoresist SU-8; (k) exposure and 
development of Su-8 to form micro fluidic channels; (l) 
dicing wafer with electrode array.

(a) (b) (c)

(d) (e) (f)

(g) (h) (i)

(j) (k)

Wafer Titanium Gold S-1805

Nickel KMPR 1035 Su-8

Figure 7 Fabrication process of micro electrode array

The finished twelve micro TPS electrode arrays in one 
wafer and one cutting electrode array with Su-8 fluidic 
channels, which correspond to step (i) and step (l) of 
fabrication process mentioned above, are given in Fig.8
and Fig.9, respectively.

Figure 8 Finished micro TPS arrays

Assembly

Following finishing micro TPS electrode array with 
Su-8 micro fluidic channels, engineering plastic case 
and silicon sealing sheet, ECF jet generator is 
assembled as shown in Fig.10. The dimensions of 
finished ECF jet generator is 24mm×36mm×6mm.

5
0

0
µ

m

2
0
0
µ
m

2
0
0
µ
m

200µm

45°

Figure 9 One micro TPS electrode array

Case
Outlet

Inlet

Micro TPS
Electrode arraySilicon sheet

Figure 10 Assembly of an ECF jet generator

EXPERIMENTS

As the ECF, fluid named FF-8EHA2 is selected as the 
working fluid and its physical properties are listed in 
Table 2.

Table 2 Physical properties of ECF FF-8EHA2

Property Value
Boiling point [°C] 61
Density [kg/m3] 1.52×103

Viscosity [Pa·s] 0.58×10-3

Electric conductivity [S/m] 1.20×10-6

Among all comparison experiments, performance of 
ECF jet generator is evaluated by output pressure, flow 
rate and power. As shown in Fig.11, the experimental 
apparatus consists of an ECF jet generator, a high 
voltage power supply, a digital ammeter, a pressure 
sensor and a flow rate meter. Output pressure and flow 
rate of the ECF jet generator are measured by pressure 
sensor and flow rate meter, while output power is 
calculated by experimental data. The height h of tube 
outlet can be changed to apply load on output of ECF jet 
generator and get its flow rate with load.
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Power supply Pressure sensor

Flow rate sensor

ECF jet generator
Tank

Working ECF h

+ -

Figure 11 Experimental apparatus

Because of the slow plating speed of nickel 
electroplating step, the comparison experiments have 
not completely finished on time before the paper 
submission. So in the near future, all comparison 
experiments and parameter optimization work for micro 
TPS electrode pair will be conducted using 
experimental system shown in Fig.11.

CONCLUSIONS

Compared to usual TPS electrode pair in several 
millimeters feature size, study on micro electrode pair 
as minimal as several hundred micrometers shows more 

related applications
in consideration of characteristic of ECF effect and 
miniaturization demands of corresponding devices. As a 
result, parameter optimization of micro TPS electrode 
pair near a common operating point (thickness 200

and ) was 
carried on by four groups of comparison experiments in 
this paper. Moreover, whole twelve micro TPS electrode 
arrays with four pairs of high aspect-ratio electrodes 
were fabricated on one wafer to maintain the nearly 
same electrode height and production conditions.
Finally, in the near future, all comparison experiments 
will be conducted and some useful design rules for 
micro TPS electrode structure will be obtained as well.
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ABSTRACT

We are studying microactuators using an electrode-conjugate fluid (ECF). ECF is a functional fluid that produces a 
powerful flow (ECF-jet) between an electrode pair which is subjected to high DC voltage. In our past experiments, we 
realized that pressure generated by this ECF-jet increased with downsizing of the electrode pair. Therefore it is 
considered that the pressure due to ECF-jet is useful as a driving source of the microactuator. We confirmed that high 
pressure was obtained by a needle-ring electrode pair composed of a needle-shaped electrode and a ring-shaped 
electrode, but there were the problems in the reproducibility and downsizing of the electrode pair in a current method. 
In addition, one needle-ring electrode pair is insufficient for high flow rate. In order to solve those problems, we 
propose a MEMS fabrication method for multiple needle-hole electrode pairs.

KEY WORDS

MEMS, Electro-conjugate fluid (ECF), ECF-jet generator, Microactuator, Integration

INTRODUCTION

Numerous microactuators have been studied and 
developed, since microactuators are the key devices to 
give rise to fundamental movement in the world of 
microscale. There have been many kinds of 
microactuators, such as electromagnetic, electrostatic, 
piezoelectric, shape memory alloy, pneumatic, and 
functional fluid-driven microactuators. Among 
microactuators, we have focused on an electro-conjugate 
fluid (hereafter ECF) as a driving force of advanced 
microactuators. ECF is a kind of functional and dielectric 
fluid. A strong and active jet flow of ECF is generated 
between electrodes surrounded by ECF when high DC 
voltage is applied to the electrodes. This phenomenon 

called as ECF effect shown in Figure 1 is a promising 
candidate for micro actuation, thanks to the advantages 
of miniaturization and high output power density. The 
previous experimental results of ECF motors whose 
diameters of their stators are down to 1 mm proved that 
the smaller ECF motors had the characteristic of the 
higher output power density, being remarkably desirable 
for miniaturization [1]. In addition, a needle-ring 
electrode pair designed for high electric field intensity at 
the tip of the needle electrode was developed, showing 
its effectiveness and suitability in micro size [2]. 
Although the needle-ring electrode pair was confirmed 
as an ECF-jet generator for high pressure, there were the 
problems in the reproducibility and the downsizing for 
reliable microactuators due to difficulties in the tradition 
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way of precision machining process and 
hand-assembling. At the same time, one needle-ring 
electrode pair is insufficient for high pressure and high 
flow rate in the field of some applications. 

Figure 1 ECF-jet effect by a needle-ring electrodes

In order to overcome these difficulties, MEMS 
fabrication technology can be an effective candidate,
thanks to the following advantages: (a) miniaturization,
to create very small electrodes for ECF-jet; and (b) batch 
process, to produce many identical ECF-jet generators at 
the same time on one wafer. The miniaturization makes it 
possible to easily and reliably fabricate multiple 
needle-hole electrode pairs in an ECF-jet generator, 
resulting in parallel ECF-jets for the higher flow rate and 
quicker dynamic response. In addition to the advantage 
of parallelization, high pressure can be realized by 
serializing these identical ECF-jet generators resulting 
from the batch process.
Although MEMS fabrication technology has these
advantages mentioned above, there is a difficult problem 
to have to overcome. Since the ordinary MEMS 
technique using photolithography is basically a plane 
geometry process, inducing the shape-limit of simple 3D 
structures whose aspect ratio is low, it is difficult to 
fabricate micro needle structure of high aspect ratio at 
once. Therefore we conceive and utilize an advanced 
MEMS fabrication method based on the combination of 
micro-mold formation by thick photoresist and Ni
electroplating. In addition, we propose a multilayer 
fabrication that divides complex 3D microstructures into 
several layers of column-limited microstructures and 
builds one layer by one layer. Before realizing 
MEMS-fabricated needle-hole electrode pairs, in section 
2, we investigate the characteristics of serialized and 
parallelized electrode pairs by using the prototypes
fabricated by the precision machining process and 
hand-assembling. Based on the optimal values 
investigated experimentally in section 2, multiple 
needle-hole electrode pairs as an ECF-jet generator is 

proposed in section 3 and fabricated by using MEMS 
technology in section 4. Finally, this study is concluded 
in section 5.

(A) Structure and components of ECF-jet generator

(B) Dimensions     (C) Assembled ECF-jet generator

Figure 2 ECF-jet generator 
with a needle electrode and a ring electrode 

SERIALIZATION AND PARALLELIZATION OF

ECF-JET ELECTRODE PAIRS

In order to realize micro hydraulic power source, an 
ECF-jet generator with a needle-ring electrode pair has 
been studied. According to the assumption that one pair 
of a needle electrode and a ring one can make the same 
performance, the serialization of needle-ring electrode 
pairs  will induce the increase of pressure, while the 
parallelization will increase the flow rate. By using the 
prototypes made by precision machining process and 
hand-assembling, we investigate the effectiveness and 
feasibility of the serialization and parallelization of 
ECF-jet electrode pairs.
Fabrication of prototypes

Based on our previous research [3], main dimensions of 
a needle-ring electrode pair are as follows: 0.13 mm in 
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diameter of a needle electrode; 0.3 mm in inner diameter 
of a ring electrode; 0.2 mm in thickness of a ring 
electrode; 0.25 mm in the gap between a needle electrode 
and a ring one. The needle electrode is made of tungsten, 
while the ring electrode is made of brass. The other 
plastic components are made of polyetherimide resin
(UL-1000). The needle electrode is fixed to the mount by 
using electrically-conductive adhesive. Both electrodes 
are attached to the base by two-component epoxy 
adhesive. The schematic diagram and components of a
prototype are shown in Figure 2. In addition to ECF-jet 
generator with only one pair of the electrodes, ECF-jet 
generators with two needles and three needles in parallel 
are fabricated and shown in Figures 3 and 4, respectively.
These three types of ECF-jet generator, shown in Figures
2, 3, and 4, have the same dimensions except number of 
needles and different shapes of mounts. The prototypes 
with three types of needles are formed in one unit for the 
parallelization, while the prototypes for the serialization 
are realized by directly connecting these two units. 

Figure 3 ECF-jet generator with two needle electrodes

Figure 4 ECF-jet generator with three needle electrodes

Characteristics of the serialization and parallelization

We calculated the output pressure generated by the 

prototype, by measuring the height of liquid surface in a 
tube, shown in Figure 5. The flow rate was obtained by 
using the experimental setup shown in Figure 6. By 
measuring weight in fixed time, we can calculate the 
flow rate of ECF-jet generators. The load pressure can be 
adjusted by changing the height of an outlet tube.

Figure 5 Experimental setup to measure the output 
pressure (by measuring the height of ECF level)

Figure 6 Experimental setup to measure the flow rate 
(load pressure adjusted by the position of outlet tube)
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To investigate the output pressure and flow rate of the 
serialization and parallelization, we used six types of 
ECF-jet generators: one needle-hole electrode pair and 
one unit of ECF-jet generator; two needle-ring electrode 
pairs in parallel and one unit; three needle-ring electrode 
pairs in parallel and one unit; one needle-hole electrode 
pair and two units; two needle-ring electrode pairs in 
parallel and two units; and three needle-ring electrode 
pairs in parallel and three units. 
The output pressure and its corresponding electric 
current are shown in Figures 7 and 8, respectively. As 
shown in Figure 7, output pressures of two units are 
approximately twice larger than those of the one unit at 
the applied voltage of 5 kV in all types of parallelized 
electrode pairs, respectively. On the other hand, output 
pressures of parallelized electrodes are almost same in 
case of the one unit. Although output pressure slightly 
decreases with parallel increase of the electrode pairs in 
case of two serial units, output pressure has not 
significant difference as well. The electric current also 
increase, as the number of the parallel electrodes pairs 
and the serial units of ECF-jet generators. 
In addition to the characteristics of output pressure, the 
flow rate characteristics of ECF-jet generators are also 
investigated experimentally, shown in Figures 9 and 10.
The serialization as well as the parallelization makes the 
flow rate to increase dramatically. The electric current 
shown in Figure 10 is also proportion to the numbers of 
the serial and parallel electrode pairs. 
According to these experimental results mentioned above,
we found that the serialized ECF-jet generator can 
increase the output pressure and the flow rate, while the 
parallelized one can make the flow rate higher.

PROPOSITION OF MEMS-FABRICATED 

ECF-JET GENERATOR

The ECF-jet generator in this paper consists of the 
needle electrode on the support structure, spacer, and the 
hole electrode, shown in Figure 11. To realize the 
ECF-jet generator by MEMS fabrication technology, we 
used two kinds of thick photoresists: KMPR (Microchem 
Corp.) as a micromold for nickel electroplating; and 
SU-8 (Microchem Corp.) as a spacer material. The 
fabrication procedure is shown in Figure 12. First, 
sacrificial layer of fluoro-carbon and seed layer of Au/Ti 
are formed, in order to release the needle electrode from 
a wafer and to raise the nickel structure through a 
micromold, respectively (Figure 12, A). The mold is 
formed by KMPR process and a support structure is 
made by the electroplating of nickel (Figures 12, B and 
C). By electroplating nickel as the needle electrode after 
laminating and patterning KMPR as a micro-mold, the 
needle electrode is formed on and unified with the 
support structure. After the mold is removed, 
MEMS-fabricated needle electrode for the ECF jet is 
completed (Figures 12, D and E). To make the ECF-jet 
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generator, the spacer is formed after the needle electrode 
fabrication (Figure 12, F). The hole electrode is 
separately fabricated and combined with the needle 
electrode by using bonding layer (Figures 12, G and H).

Figure 11 Schematics of ECF-jet generator
proposed by MEMS fabrication technology

Figure 12 Fabrication procedure 
of the MEMS-based needle-ring electrode pair

FABRICATION OF MULTIPLE NEEDLE 

ELECTRODE FOR ECF-JET GENERATION

Inner and outer diameters of the support structure are 1.4
mm and 2 mm, respectively, while the thickness of the 
structure is 70 m. In order not to reduce the flow rate, 
supporting arms are designed to have narrow width that
is 100 m. Instead of reducing the width, the number of 
supporting arms should be increased, as shown in Figure 
13 and 15. The targeted dimensions of the needle are 200

m in diameter and 130 m in height. The micro-molds 
shown in figure 13 were formed by KMPR (MicroChem 
Corp.) and the support structures, whose height is about 
70 m were made by the electroplating of nickel. By 
forming micro-molds shown in Figure 14 and 
electroplating nickel, the multiple needle electrodes were 
fabricated. Removing micro-mold, we successfully 
fabricated the multiple needle electrodes shown figure 15, 
whose height is about 130 µm.

Figure 13 Micromolds for support structures

Figure 14 Micromolds for multiple needles

Figure 15 Fabricated needle electrodes
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All dimensions of fabricated electrodes are in good 
agreement with designed dimensions.

CONCLUSIONS

To realize the easy fabrication and high performance, a 
novel ECF-jet generator with multiple needle electrodes 
was proposed and micro-needles were successfully 
fabricated by MEMS technology. The serialization and 
parallelization of ECF-jet generators was investigated 
experimentally by using the prototypes fabricated by 
mechanical machining and hand assembly. The 
experimental result proved that the serialization and 
parallelization is very effective to improve the 
performance. The MEMS-fabricated structure and the 
experimental results showed the feasibility of an 
advanced ECF-jet generator.
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An electro-conjugate fluid (ECF) is a kind of dielectric fluid which generates a powerful flow when subjected to high 
DC voltage. The ECF is a promising micro fluid power source (an ECF pump) for actuators including soft actuators,
bellows actuators etc. For today control method of these actuators has not been investigated well. In almost all ECF 
researches, ECF actuators have been controlled only by ON/OFF control except the research reporting PD control for an 
ECF artificial muscle. In the research the gains of controller are determined just by experiment. Thus a control system 
designed by the control model has yet to be developed for ECF actuators. In this research we propose the control model 
of the ECF pump. By using this model, we develop a bellows actuator control system for ECF pump to realize good 
response.

Electro-conjugate fluid, Electrohydrodynamics, Functional fluid, Control system, Bellows actuator 

t: Time
p: Pressure
pT: Target pressure

pO: Output pressure
V: Voltage
VE: Estimated Voltage
VPI: Voltage calculated by PI controller
T: Time constant
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K: Gain
KP: P gain of PI controller
KI: I gain of PI controller
f: Frequency
m: Weight

: Viscosity
k: Spring coefficient
A: Area of bellows head

The electro-conjugate fluid or ECF is a dielectric fluid. 
Applying a high voltage of several kilovolts between 
electrodes inserted into the fluid with an interelectrode 
gap of several hundred micrometers, we can observe a 
powerful flow between the electrodes as shown in Fig. 1. 
This flow can be used as a micro fluid power source (an 
ECF pump). A mechanism of the ECF flow generation 
could be found in Ref. [1, 2]. Although a high voltage is 
required to generate the ECF flow, the current is quite 
low at several microamperes.
Some actuators (motors [3], soft actuators [4], etc.) are 
driven by the ECF pump. For today the control of these 
actuators has not been investigated well. In almost all 
ECF researches, the ECF actuators have been controlled 
only by ON/OFF control. Since repeatability of pressure 
generated with ECF pump is limited, the control system 
should be constructed as a feedback system. There is the 
research reporting PD control for ECF artificial muscle
[5]. However in this research the gains of controller are 
determined just by observing experimental responses.
Thus a control system designed using the control model 
has yet to be developed for ECF actuators.
In this research we propose the control model of the ECF 
pump. By using this model, first, we develop an ECF 

pump control system. Then we develop a bellows 
actuator control system to realize good responses.

First, we develop an ECF pump control system. In this 
system, pressure generated with the ECF pump is 
controlled by voltage applied to the ECF pump. The ECF 
pump is shown in Fig. 2. This pump which has a pair of
needle-ring electrode is generally used as power source 
for actuators. Fig. 2 (a) is an exploded view of an ECF 
pump, and Fig. 2 (b) is a cross sectional view when
constructed. The dimensions of electrodes are 
determined based on the experimental data reported in 
the previous report [6]. The outer diameter of a needle 
electrode is 0.13 mm, the inner diameter of a ring 
electrode is 0.3 mm, and the electrode gap is 0.3 mm. 
The polarity of needle electrode is GND, and that of ring 
electrode is positive. The flow is generated from the 
needle tip to the ring when applied high DC voltage. In 
this research we use FF-101EHA2 (New technology 
management) as a working fluid.
Fig. 3 shows an experimental setup of the ECF pump 
control system. High voltage is applied to the ECF pump 
via a high voltage amplifier (HV-10P (A), Matsusada 
precision). The pressure generated by the ECF pump is 
measured with a pressure gauge (PSE563-01, SMC). 
Note that an ECF tank, an ECF pump and a pressure 
gauge are filled with ECF. The output signals from the 
pressure gauge are sent to a computer through an A/D 
converter (AD112-16 (PCI), CONTEC). An applied 
voltage to the ECF pump is calculated in the computer, 
and applied to the ECF pump via a D/A converter 
(AIO-160802AY-USB, CONTEC) and high voltage 
amplifier. 

First, we propose a model of ECF pump. The relation
between the applied voltage and the pressure of ECF 
pump is shown in Fig. 4. According to this graph, 
pressure is almost proportional to the square of applied 
voltage. In addition the responses of pressure when 
applied step input from 0 to 1-6 kV voltage are shown in 

Electrode gap: 0.3

(a) Exploded view (b) Cross sectional view
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Fig. 5. According to this graph, the pressure response
could have first order lag. Thus we propose the model of 
ECF pump as,

2KVp
dt
dpT                            (1)

where t, p, V, T and K represent time, pressure, voltage, 
time constant, and gain. T, K is determined from the 
relation of Fig. 4 and Fig. 5. In Fig. 5 the response of the 
ECF pump model is shown as dash line. According to 
Fig. 5 the responses of the model fit closely with 
experimental results.
Then, a control model is constructed using the ECF 
pump model. A block diagram of a control model is 
shown in Fig. 6. First, estimated voltage VE is calculated 
by target pressure pT as,

TE p
K

V 1                                (2)

This equation can be obtained from the relation shown in 
Fig. 4. Second, voltage VPI is calculated from the 
difference between the target pressure pT and the output
pressure pO by the PI controller as, 

dtppKppKV OTIOTPPI           (3)

where KP and KI are P gain and I gain, respectively. 
Finally, the voltage V calculated as the following 
equation is applied to the ECF pump.

PIE VVV                                (4)

The applied voltage V should not be higher than 6kV in 
order to prevent electric discharge. Then, the pressure 
generated with the ECF pump is calculated using voltage
V by Eq. (1). Finally, offset noise and Gaussian noise are 
added. The offset noise represents the instability of 
pressure generated with the ECF pump. In addition, the 
Gaussian noise represents the noise observed in the 
output signal of pressure gauge.

We aim to improve the step response by appropriately 
adjusting PI gains. The PI gains are adjusted by 
observing the step responses of the control model shown 
in Fig. 6. Fig. 7 (a) shows the step responses of the 
model with/without the PI controller. In this graph, the 
target pressure is a step input from 0 to 6 kPa. Fig. 7 (b) 
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shows the time history of the applied voltage. Without PI 
control, steady state error was observed. This error 
occurs due to offset noise which represents the instability 
of pressure generated with the ECF pump. Then with I 
control, steady state error is resolved. Furthermore with 
PI control, response speed improves, and rise time 
decreases by half. According to the time history of 
applied voltage, maximum voltage 6 kV is applied to 
ECF pump just after control starts. This causes the 
improvement of the response speed.
The experiment is also conducted with the same control 
condition. These results are shown in Fig. 7. In this graph, 
the pressure responses and the time history of applied 
voltage are corresponding to those of simulation results. 
Hence we could effectively design a control system 
using the proposed control model. 
Then we observed frequency response using the same 
control system. The target pressure pT is defined as, 

32sin3 ftpT  kPa                    (5) 

where f is frequency [Hz]. Fig. 8 shows the responses 
when frequency f is 0.4 Hz and 4 Hz. When frequency f
is 0.4 Hz the pressure pT follows the target pressure pT,
i.e., the amplitude reduction and the phase lag are not 
observed. On the other hand, the phase lag and the 

amplitude reduction are observed with the frequency of 4
Hz. In this frequency, the amplitude reduction of 
experiment is almost corresponding to that of the model. 
However the phase lag of experiment is slightly bigger 
than that of the model. We observed responses in wider
frequency range, and these results are shown in Fig. 9 as
a form of bode diagram. As in the Fig. 9, the phase lag of 
experiment is bigger than that of the model with 
relatively high frequency. This result suggests the ECF 
pump model might be comprehended the second order 
lag.

Next, we develop a bellows actuator control system 
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I Control (Model)  
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Figure 10 Two needle ECF Pump
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using an ECF pump. In this system, two ECF pumps,
each of them has two pairs of needle-ring electrode 
shown in Fig. 10 are connected in series. The size of 
each electrode is the same as Fig. 2. This ECF pump can 
generate enough pressure and flow rate in order to drive 
a bellows actuator described as follow. Note that 
FF-101EHA2 is used as working fluid in this experiment,
as well.
Fig. 11 (a) shows an overview of experimental setup, and 

Fig. 11 (b) shows a closed up view around the bellows 
actuator. The bellows actuator (SK-27929, Servometer) 
expands in axial direction when inner pressure is 
changed by the ECF pump. The diameter and length of 
the bellows actuator are 3 mm and 3.5 mm, respectively.
As shown in Fig. 11 (b), 10 g weight is located on the 
bellows actuator. The position of the weight is measured 
with a laser displacement sensor (LB-02, Keyence). This 
weight is driven in the axial direction of bellows actuator 

Figure 11 Experimental setup (The bellows actuator control system)
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along a guide rail. The position signal obtained by the 
laser displacement sensor is send to PC via the A/D 
converter. 

In this model the ECF pump model is same as Eq. (1), as 
well. The time constant T and the gain K are determined 
from the relations shown in Fig. 12 and Fig. 13. The 
responses of the model are shown in Fig. 13 as dash line.
Then we propose the model of bellows actuator as,

Apkx
dt
dx

td
dxm 2

2

                      (6)

where m, x, , k and A represent weight, position, 
viscosity, spring coefficient and area of bellows head,
respectively. Eq. (6), the first term of left side is the
inertia force, the second term is the frictional force, the 
third term is the spring force, and the right side is the 
external force applied to the bellows actuator. The spring
coefficient k is determined by relation of the external 
force applied to the bellows actuator and the 
displacement shown in Fig. 14.
Next we propose the model of the bellows actuator 
control system using the ECF pump model and the
bellows actuator model.

Fig. 15 shows a block diagram of the bellows actuator 
control system. In this control system an estimated
voltage VE is calculated from the target position xT as,

A
kx

K
V T

E
1                              (7)

Note that Eq. (7) is developed using the relation shown 
in Fig. 12 and Fig. 14. Second, voltage VPI is calculated 
from the difference between the target position xT and the 
output position xO by the PI controller as, 

dtxxKxxKV OTIOTPPI              (8)

where KP and KI are P gain and I gain, respectively. 
Finally, the applied voltage V to the ECF pump is 
calculated by Eq. (4).This voltage should not be higher 
than 6kV in order to prevent an electric discharge. The 
pressure generated with the ECF pump is calculated 
using by Eq. (1). Then, an offset noise which represents 
the instability of pressure generated with the ECF pump 
is added. Finally the position of the bellows actuator is 
calculated by Eq. (6).

(b) Voltage
Figure 16 Step responses

(a) 1 Hz

(b) 10 Hz
Figure 17 Frequency responses Figure 18 Bode diagram

(a) Pressure

Model
Experiment

Without Control (Model)
Without Control 
(Experiment)
PI Control (Model)  
PI Control (Experiment)

Model
ExperimentTarget

493
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



We aim to improve the step response of the bellows 
actuator by appropriately adjusting PI gains. The PI gains
are adjusted by observing the step responses of the 
control model shown in Fig. 15. Fig. 16 shows the 
responses of the model and experiment when the target 
position is a step input from 0 to 1 mm. Fig. 16 (a) is the 
responses of position, and Fig. 16 (b) is the time history 
of the applied voltage. Note that the control condition of 
experiment is corresponding to that applied to the model. 
As you can see in Fig. 16 (a), with PI control the steady 
state error is slightly observed, and response speed is 
improved compared to that without control. In addition,
the responses of the model and experiment are almost 
corresponding. This means that we can effectively 
construct the bellows actuator control system using the 
proposed control model.
Furthermore frequency responses are observed as well
with the same PI control. The target position xT is

12sin ftxT mm                    (9)

The frequency responses of the model and experiment 
when frequency f is 1 Hz and 10 Hz are shown in Fig. 17.
As in the graphs, when f is 1 Hz the position xO follows
the target position xT, i.e., the amplitude reduction and 
the phase lag are not observed. On the other hand, they 
are observed with the frequency of 10 Hz with the model. 
However, the amplitude reduction is hardly not observed 
in the experiment. Accordingly we observed responses
with wider frequency range, and these results are shown 
in Fig. 18 as a form of bode diagram. As in Fig. 18, the 
amplitude reduction of experiment is quite low. 
Furthermore the responses of the model disagree with 
experimental results especially in the high frequency
region. This is caused by the following reason. The 
frictional force of the bellows actuator model does not 
represent well with the actual friction between the weight 
and the guide rail.

We proposed the ECF pump model which has first-order 
lag element. Then we constructed the ECF pump control 

model, and designed PI controller by observing the 
response of control model. This control system has a
better response of pressure than that without control.
In addition we constructed the bellows actuator control 
model using the ECF pump model and the bellows 
actuator model. Then we designed the PI controller for 
the bellows actuator. Finally we constructed the bellows 
actuator control system which may improve the actuator
response.

The work reported in this article was supported in part by 
a Grant-in-Aid for Encouragement of Young Scientists 
(A) #21686017 awarded by the Ministry of Education, 
Culture, Sports, Science and Technology of Japan. 
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ABSTRACT 

This paper deals with numerical simulation of ion drag pump characteristics. Electrohydrodynamic (EHD) phenomena 
have recently been applied to pumps and actuators utilizing the so-called functional fluids. The configurations of the 
electrodes and flow passage are designed by trial and error and it is not easy to find out a better configuration of pump 
or actuator. In this paper, the effects of the configurations of the electrodes and flow passage on ion drag pump 
characteristics are investigated by numerical simulation. Two-dimensional configurations of pump are treated. The 
effects of the electrode spacing, the distance between electrode pairs, the depth of flow passage, etc. on the pump 
characteristics are made clear. In addition, the effect of the electrostriction force is shown. 

KEY WORDS

Electrohydrodynamics, Ion drag pump, Numerical simulation 

NOMENCLATURE 

E electric field strength [V/m] 
Estatic electrostatic field strength [V/m] 
Ethres threshold electric field strength [V/m] 
f electric force per unit mass [m/s2]
fx x component of f [m/s2]
fy y component of f [m/s2]
j  current density [A/m2]
k proportional constant for injected charge 

density [C/(V m2)] 
p  pressure [Pa] 
q  charge density [C/m3]
qe charge density injected from emitter 

electrode [C/m3]
Q  flowrate generated by ion drag pump [m3/s]
u x component of flow velocity [m/s] 
v y component of flow velocity [m/s] 
V  applied voltage [V] 
V  flow velocity [m/s] 
x x coordinate [m] 
y y coordinate [m] 

 permittivity [F/m] 
0  permittivity of the vacuum [F/m] 
r  relative permittivity [-] 
  viscosity [Pa s]
i  ionic mobility [m2/(V s)] 
iw  ionic mobility determined by Walden's rule 
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[m2/(V s)] 
 mass density [kg/m3]

  conductivity [S/m] 
  electric potential [V] 

INTRODUCTION

When an electric field is applied to a fluid in which 
excess charges exist, a motion of the fluid is caused by 
the Coulomb force acting on the charges. Such a 
phenomenon is classified into electrohydrodynamics 
(EHD), which covers both of hydrodynamics and 
electrodynamics, and has been applied to heat transfer 
enhancement [1, 2], pumps [1-7], and actuators [8, 9], 
etc.
Ion drag pump is typical of EHD pumps and for the 
pump, the excess charges are generated by the so-called 
charge injection phenomenon [10]. Many investigations 
into ion drag pump have been conducted so far. 
Recently, research on ion drag micropump [11-14] or 
micropumps of which working principle may be 
different from ion drag pump [15-18] have been 
conducted. Various configurations of the electrodes and 
flow passage have been proposed by trial and error. If 
the pump performance can be predicted by numerical 
simulation, the configurations of the electrodes and flow 
passage suitable for a high-performance pump can be 
designed with minimum trial manufactures. However, 
numerical simulation of EHD pump has been limited 
[13, 19] and the simulation method has not been 
established yet.  
Darabi and Rhodes [13] conducted numerical 
simulation of two-dimensional ion-drag micropump and 
examined the effects of mechanical factors such as 
electrode gap, etc. on the pump performance and 
showed a relatively good agreement with experimental 
results. However, the simulation procedure is not clear 
and the factors that were examined are limited. 
For the numerical simulation of ion drag phenomenon, 
only the Coulomb force has been taken into 
consideration. However, it has been shown recently that 
the electrostriction force can cause a fluid motion [20]. 
In this paper, the effects of the configurations of the 
electrodes and the depth of the flow passage on the 
performance of two-dimensional ion drag pump are 
numerically examined. The numerical simulation 
method used in the paper is the same as that used in the 
previous papers [19, 21] and is based on the assumption 
that the excess charges are injected from the point and 
its vicinity where the electric field strength takes the 
maximum value on the emitter electrode. In addition, 
the effect of the electrostriction force on the ion drag 
pump performance is examined.  

ION DRAG PUMPS AND EXPERIMENT

In order to make the visualization of the flow pattern 
and the numerical simulation easy, a pump with an 
approximately two-dimensional configuration is used as 
a standard pump and is shown in Figure 1. The pump 
was inserted in a closed pipeline circuit and the pressure 
and flow rate generated by the pump were measured. 
The pressure was measured using an inverse U-tube 
manometer and the flow rate was measured using the 
relation between the flow rate and the pressure drop 
across a cylindrical choke inserted in the pipeline. The 
pressure drop was measured using another inverse 
U-tube manometer. The flow field was measured by a 
particle image velocimetry (PIV) technique. Particle 
motions were captured by a charge-coupled device 
(CCD) camera (DITECT Corp., HAS-220R, 500 
flames/s) and were analyzed using a PIV software 
(DITECT Corp., DIPP-FLOW). 
The test liquid used in the experiment is Dibutyl 
sebacate (DBS) and its physical properties measured at 
the experimental temperature (293K) are as follows: 
mass density =938 kg/m3, viscosity =8.67×10-3 Pa s,
conductivity =4.43×10-10 S/m, and relative permittivity 

r=4.7.
Figure 2 shows the ion drag micropumps treated and 
they are used only in numerical simulation. The effects  
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of the dimensions of the electrodes, electrode spacing, 
etc. on the pump characteristics are examined. This 
configuration of micropump was treated in several 
papers [12, 13, 15, 16, 18].

THEORY 

The electric body force acting on a dielectric fluid per 
unit mass is given by 

d
dq 22

2
1

2
1

EEEf (1) 

For a homogeneous fluid under a uniform temperature, 
there is no permittivity gradient in the fluid and the 
derivative of permittivity with respect to mass density in 
the third term can be given by the Clausius-Mossoti 
equation. Therefore, Eq.(1) is simplified as follows [22]: 

2
0 21

6
1 EEf rr

q       (2) 

The third term in Eq.(1) or the second term in Eq.(2) is 
called the electrostriction force and is usually omitted 
when a charge injection phenomenon is treated. In this 
paper, the effect of the electrostriction force on the ion 
drag pump characteristics is investigated by numerical 
simulation.  

NUMERICAL SIMULATION SCHEME

The numerical simulation scheme used is the same as 
that in the previous papers [19, 21] except for the 
inclusion of the electrostriction force and is described 
again in this paper. 
Fundamental equations 

Two-dimensional, laminar, and steady flow is assumed. 
The fundamental equations that describe the flow field 
and electric field are as follows: 
(a) Continuity equation: 

0
y
v

x
u        (3) 

(b) Navier-Stokes equation: 
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(c) Charge conservation law: 
0j         (6) 

(d) Current density:  
EVEj qq i            (7) 

(e) Gauss' law: 
q

yx 2

2

2

2

   (8) 

(f) Relation between electric field and potential: 
E            (9) 

All the equations were discretized by a finite volume 
method and the SIMPLE (Semi-Implicit Method for 
Pressure-Linked Equations) algorithm [23] was used to 
solve the discretized equations. The third term in Eq.(7) 
hardly affects the ion drag flow field and electric field 
and, therefore, can be neglected. However, the third 
term has to be included when calculating the current.  
Injected charge density 

One of the difficulties in the numerical simulation of ion 
drag phenomena lies in the determination of the value of 
the density of the charges injected from the electrodes. 
It is assumed that the charge density injected from the 
emitter electrode obeys the following function [19, 21]: 

thresstatice EEkq       (10) 
where Ethres stands for the threshold electric field 
strength and Estatic stands for the electrostatic field 
strength on the emitter surface. When charges are 
injected, the electric field strength on and near the 
injecting surface is decreased to a great or some degree 
from that for no charge injection case. However, it is 
assumed for simplicity that the quantity of the injected 
charge density is determined by the electrostatic field 
strength.
The value of the proportional constant, k, is determined 
by comparing the experimental results with the 
simulated ones using the standard pump shown in 
Figure 1 at a certain experimental condition. The 
threshold electric field strength, Ethres, was determined 
experimentally and was 0.25 kV/mm, which is usually 
significantly small compared with the electrostatic field 
strength applied to the emitter electrode [19, 21]. 
Boundary conditions 

Figure 3 shows the electrostatic field strength 
distribution on the surface of the emitter electrode. The 
electric field strength becomes extremely high at the 
two corners, B and C shown in Figure 2 and takes the 
maximum at corner C. Therefore, for the emitter 
electrodes except for the first stage emitter, charges may 
be injected from the two corners, B and C in Figure 
2(a). Numerical simulation is done first for the two 
cases where charges are injected (i) from the two 
corners (B, C) and (ii) only from the corner C. For the 
other boundary conditions, refer to [19, 21].  
Ionic mobility 

A standard value of the mobility of positive ions in test 
liquid was estimated by using the following relation 
given by Adamczewski [24]: 

100.2 111
iw        (11) 

where the subscript w stands for the Walden's rule. 
When =8.67×10-3 Pa s, the ionic mobility calculated 
by Eq.(11) is iw=2.31×10-9 m2/(V s). 
Another difficulty in the numerical simulation of ion 
drag phenomena is the lack of the information on the 
correct value of the ionic mobility. It is essential to 
assign a much larger value to i than iw and an 
appropriate value of i is determined by comparing the  
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Figure 3 Electrostatic field strength distribution on 
emitter electrode (V=2.5 kV, d=100 m, L=H=500 m, 

Te=Tc=35 m, Be=Bc=100 m) 

measured flow field and pressure-flow rate (p-Q)
characteristic with simulated ones [19].  

RESULTS AND DISCUSSION

Standard pump 

Figure 4 shows the comparison of the p-Q characteristic 
of the standard pump between experiment and 
simulation. The measured characteristic is relatively 
accurately simulated by the method used. For this case, 
the value of k in Eq.(10) is 4.27×10-9 C/(V m2), which 
corresponds to the injected charge density of qe=0.0330 
C/m3 at V=10 kV. In addition, the value of the ionic 
mobility is i=20 iw and this value is used in all the 
simulations in this paper.  

p
(P

a)

Q(cm3/s)
Figure 4 Comparison of p-Q characteristic of standard 

pump between experiment and simulation 

Charge injection condition of micropump 

As described above, numerical simulation was done for 
the two cases where charges were injected (i) from the 
two corners (B, C) and (ii) only from the corner C. In 
the following simulations, the applied voltage is fixed at 
2.5 kV. 
Figure 5 shows the charge density distribution for the 
above two conditions. When the charges are injected 

from the two corners, B and C, the charges injected 
from corner B spread out in y direction more widely 
than those injected from corner C. This is because the 
distance between corner B and its facing collector 
electrode is longer than that between corner C and its 
facing collector electrode. For condition (i), due to the 
wider spread of the charges at the upstream of corner B 
than at the downstream of corner C, the Coulomb force 
acting in the upstream direction at the upstream of 
corner B may become larger than the Coulomb force 
acting in the downstream direction at the downstream of 
corner C. Therefore, the calculated pressure becomes 
negative for the majority of the simulation conditions 
used. This is contrary to the experimental results 
obtained in [12, 13, 15, 16, 18].  
The discrepancy between the results shown in Figure 5 
and the results shown in [12, 13, 15, 16, 18] shows that 
condition (i) is not correct. It may be considered that 
charges are apt to be injected at and in the vicinity of the 
point where the electric field strength becomes the 
maximum, though charges may be injected also at 
corner B to some degree. In what follows, the numerical 
simulation is conducted using condition (ii).  

(a) Condition (i) (charges are injected at B and C) 

(b) Condition (ii) (charges are injected only at C) 
Figure 5 Charge density distribution for two injection 

conditions (V=2.5 kV, d=300 m, L=H=500 m, 
Te=Tc=35 m, Be=Bc=100 m)  

Effects of micropump configurations 

Figures 6 to 10 show the effects of the electrode spacing, 
d, the distance between two stages, L, the electrode 
width, B, the electrode height, T, and of the depth of the 
flow passage, H, on the pressure generated per stage of 
electrode arrays when Q=0.  
As can be seen from Fig.6, the pump pressure is 
increased with the electrode spacing. The increase in the 
electrode spacing brings about the decrease in the 
electric field strength on the emitter and in the space 
between electrodes but makes the charge spread wider. 
It seems that the latter effect surpasses the former 
effects and, therefore, the pump pressure is increased 
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with increasing electrode spacing. 
The distance between the neighboring electrode stages 
hardly affects the pump pressure as shown in Figure 7. 
The pump pressure tends to be increased with 
decreasing electrode width and to be saturated at small 
and large electrode widths as shown in Fig.8.  
In addition, the pump pressure is increased with 
increasing electrode height (Figure 9) and is steeply 
increased with decreasing depth of the flow passage 
(Figure 10). The simulation shows that the 
misalignment, D, between the top and bottom electrode 
arrays hardly affects the pump pressure. 
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Figure 6 Effect of electrode spacing on pump pressure 
at Q=0 (L=H=500 m, Te=Tc=35 m, Be=Bc=100 m) 
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Figure 7 Effect of distance between neighboring 
electrode pairs on pump pressure at Q=0 (H=500 m, 

d=100 m, Te=Tc=35 m, Be=Bc=100 m) 
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Figure 8 Effect of electrode width on pump pressure at 
Q=0 (L=H=500 m, d=100 m, Te=Tc=35 m)
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Figure 9 Effect of electrode height on pump pressure at 
Q=0 (L=H=500 m, d=100 m, Be=Bc=100 m) 
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Figure 10 Effect of depth of flow passage on pump 
pressure at Q=0 (L=500 m, d=100 m, Be=Bc=100 m, 

Te=Tc=35 m)

Effect of electrostriction force 

Numerical simulation for the standard pump shown in 
Figure 1 shows that the electrostriction force tends to 
shift the p-Q curve upward and the pressure is increased 
by about 8 percent. For the micropump shown in Figure 
2, the electrostriction force slightly decreases the pump 
pressure and its effect is negligible. 
The Coulomb force is augmented in proportion to the 
injected charge density and, therefore, for fluids in 
which lots of charges are easily injected, the effect of 
the electrostriction force becomes negligible.  

CONCLUSIONS 

The characteristics of two-dimensional micropump are 
investigated under various conditions by numerical 
simulation. The effects of the dimensions of electrodes, 
the pitch of electrode pair and the depth of the flow 
passage are made clear. It is confirmed that the 
electrostriction force has a small or negligible influence 
on the pressure generated by ion drag pump. The 
numerical simulation scheme in the paper uses an 
assumption that charges are injected only from the point 
and its vicinity of the maximum electric field strength 
on the emitter electrode. This needs an experimental 
verification. 
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ABSTRACT 

This paper proposes three types of mechanism to control the viscosity of magneto-rheological fluid (MR fluid) from the 
viewpoints of the expansion of controllable viscosity range and electric power-saving of magnetizing devices. The first 
type is configured by two MR fluid chambers which are connected by four tubes, which is effective to expand the 
controllable viscosity range. Each tube acts as a valve by the MR effect. The equivalent viscosity of MR fluid flowing 
through this device is controlled by the flow resistance of tubes. The magnetic field controlled by the combination of 
the digital and analog magnetizing system can change the viscosity of MR fluid in each tube. The second one utilizes 
the magnetization/demagnetization property of permanent magnet material. It consumes no electric power while 
maintaining the external magnetic field. The third one utilizes the magnetic field generated by the moving permanent 
magnet with less electric power consumption. 

KEY WORDS

Functional fluid, MR fluid, Magnetizing, Viscosity, Electric power-saving 

INTRODUCTION

Magneto-rheological fluid (MR fluid) is the one of 
functional fluid, which changes its viscosity according to 
the intensity of an external magnetic field. Because the 
viscosity of MR fluid can be controlled by applying the 
magnetic field to the fluid, some MR fluid applications 
such as a damper, resistive force device, clutch 
mechanism, and so on, are put to practical use [1-3]. For 
the source of external magnetic field applied to MR fluid, 
an electromagnet such as a solenoid is generally used.
Electric current of a solenoid is digitally switched on and 
off based on the demand of the magnetic field. On 
contrary, the current changing continuously is applied to 
a solenoid for the demand of continuous field change. It 

is not common to use a permanent magnet for 
magnetizing MR fluid except applying the constant 
offset field to MR fluid. 
For applying the magnetic field to MR fluid effectively, a 
pair of magnetic pole forms the field crossing the conduit 
of MR fluid at right angles. Typical magnetic pole is 
coaxial inner/outer cylinders or a pair of plate facing 
each other. The distance between the poles is required to 
be narrow for increasing the intensity of field applied to 
MR fluid. However, from the viewpoint of expansion of 
controllable viscosity range, it is required to be wide for 
reducing the fluid resistance by viscosity of 
non-magnetized MR fluid. It is the one of purposes of 
this paper to develop a new magnetizing device which 
copes with both conflict requirements. 
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Furthermore, since the magnetic field is generally 
applied to MR fluid by an electromagnet, a magnetizing 
device has a problem of electric power consumption for 
maintaining the field in a long period. 
Aiming to include properties both of the controllable 
viscosity range expansion and the electric power-saving 
into the magnetizing device development, the author 
proposes new design concept with hybridization of 
different magnetizing principles. This paper presents 
three types of new mechanism magnetizing MR fluid, 
and shows their performance and evaluation. 

TESTING APPARATUS FOR EVALUATION OF 

MAGNETIZING DEVICES 

All of hybrid magnetizing devices developed in this 
study are evaluated by the testing apparatus shown in 
Figure 1. It consists of an air compressor, a double rod 
cylinder and a reservoir for MR fluid. The air pressure is 
supplied to one chamber of the cylinder. The other 
chamber is filled with MR fluid. MR fluid is discharged 
from the cylinder via the piston pushed by air pressure, 
and passes through the magnetizing device. In order to 
measure the pressure drop at the magnetizing device, a 
pressure transducer is installed into upstream of it. The 
flow rates of MR fluid flowing through the device can be 

measured using the velocity of the piston rod. In this 
study, the rheological property of MR fluid is evaluated 
by the flow rates under the constant pressure drop, and 
its viscosity is not measured directly. 

DIGITAL / ANALOG HYBRID MAGNETIZING 

DEVICE FOR EXPANSION OF CONTROLLABLE 

VISCOSITY RANGE 

Configuration of Digital/Analog Hybrid Magnetizing 

Device 

The conduit in this magnetizing device satisfies both 
requirements to put the magnetic poles close and to have 
large cross-sectional area, by dividing a single conduit 
into some parallel tubes. The prototype device is shown 
in Figure 2. It consists of four parallel tubes, each of 
which has a solenoid coil and a yoke. Because the 
viscosity of magnetized MR fluid is very large, the tube 
in which the solenoid is active acts like a stop valve. Due 
to the viscosity of non-magnetized MR fluid, the tube 
has a flow resistance when the solenoid is not active. As 
to the approximate stop valve, the maximum pressure 
difference at the tube is given by [4]; 

MRMR h
Lp 2    (1) 

where, pMR, h, L and MR are the pressure difference at 
the tube, the gap between the magnetic poles, the width 
of the pole and the yield stress of MR fluid, respectively. 
The flow resistance ratio of the tubes is designed to be 
20 21 22: 23. Assume the laminar flow, a set of the inner 
diameter of tube and tube length is selected as shown in 
Table 1. Applying the PCM (Pulse Code Modulation) to 
the control of the equivalent viscosity of MR fluid, the 
relation between the pressure difference p at the device 
and flow rates Q through it is given by; 

0

1

2

3

0123

0
2,2,2,2

u
u
u
u

R
pQ       (2) 

    
Table 1 Dimensions of tube and its flow resistance 

Ratio of flow 
resistance R

Ratio of 
inner 
diameter 
of tube d0

Ratio of 
tube 
length l

Magnetizing 
command u

20
2 2 u0

21
2 1 u1

22 1 2 u2
23 1 1 u3

    

Figure 1 Testing apparatus for evaluation of MR fluid 
viscosity control 

Figure 2 Digital / analog hybrid magnetizing device 
for MR fluid control 
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where, each u is the PCM signal which is 0 or 1, and R0

is the flow resistance of the tube in which (d0, l) is ( 2 ,
2). Applying a conventional PCM, the equivalent 
viscosity of MR fluid can be controlled in 16 levels 
between the minimum and maximum, but the viscosity 
change is discontinuous due to digital command input. 
In this study, a modified PCM in which only LSB (least 
significant bit) u0 is controlled between 0 and 1 
continuously is applied to the magnetizing command of 
(u3, u2, u1, u0). Because u3, u2 and u1 are digital signal 
and only u0 is analog one, this magnetizing device is 
named the digital/analog hybrid system. 

Testing of Viscosity Control Using Digital/Analog 

Hybrid Magnetizing Device 

As to the command u in PCM signals, 0  means that 
MR fluid is fully-magnetized, and “1” means 
non-magnetized. Figure 3 is an example that the flow 
rates Q flowing through the device under the constant 
pressure difference p of 0.04MPa at (u3, u2, u1, u0)=(0, 
0, 0, 0), (0, 0, 0, 1), (0, 0, 1, 0) and (0, 0, 1, 1). The slope 
of the flow rate is equivalent to the viscosity of MR fluid. 
The flow of MR fluid in all tubes should stop at (u3, u2,
u1, u0) = (0, 0, 0, 0), but slight flow is recognized. Figure 
4 shows the measured result of the cylinder rod velocity 
equivalent to the viscosity of MR fluid for all 
combination of PCM signals. It is confirmed that the 
cylinder rod velocity can be controlled in 16 levels by 
the viscosity change of MR fluid. Since the flow of the 

magnetized MR fluid cannot stop completely, the 
measured rod velocity is a little bit faster than the 
designed one in the case of below (0, 1, 1, 1) in the PCM 
signals. And it is a little bit slower in the case of above (1, 
0, 0, 0) because of the flow resistance in other conduit 
except the tubes. 
In the modified PCM control, only LSB u0 is controlled 
between 0 and 1 continuously. Figure 5 shows the 
measured result when the electric current for u0 is varied 
from 0 to 1A continuously. This continuous change of 
the viscosity fills the signal gap between 0 and 1. 
Consequently, it is confirmed that this device can control 
the viscosity of MR fluid continuously from (0, 0, 0, 0) 
to (1, 1, 1, 1) by the modified PCM signals. 

Figure 3 Measured velocity of the cylinder piston 
rod controlled by the digital / analog hybrid 

magnetizing device under the pressure difference 
p of 0.04MPa at PCM signals (u3, u2, u1, u0) of (0, 
0, 0, 0), (0, 0, 0, 1), (0, 0, 1, 0) and (0, 0, 1 1) 

Measured   Designed 

Figure 4 Measured flow rates equivalent to the 
viscosity of MR fluid controlled by the digital / 

analog hybrid magnetizing device under the pressure 
difference p of 0.04MPa at PCM signals 
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Figure 5 Measured flow rates equivalent to the 
viscosity of MR fluid controlled by the digital / analog 

hybrid magnetizing device under the pressure 
difference p of 0.04MPa by the modified PCM 
signals in which LSB is controlled continuously 
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ELECTROMAGNET / PERMANENT MAGNET 

HYBRID MAGNETIZING DEVICE FOR 

ELECTRIC POWER-SAVING 

Configuration of Electromagnet / Permanent Magnet 

hybrid Magnetizing Device 

The prototype magnetizing device consists of a tube 
which is the conduit of MR fluid, a yoke, a permanent 
material rod and a solenoid coil as shown in Figure 6. 
This coil is not used for magnetizing MR fluid, it used 
only for magnetizing or demagnetizing the permanent 
magnet material. Since the external magnetic field 
applied to MR fluid is generated by the magnetized 
permanent magnet material, no electric power is 
consumed during magnetizing MR fluid. 
The permanent magnet material in this device is 
Al-Ni-Co (Alnico 5) as shown in Table 2. Figure 7 shows 
the demagnetizing properties of typical permanent 
magnet materials, in which Alnico 5 has double residual 
magnetic flux density and a half coercive force compared 

with a ferrite magnet. This means that Alnico 5 can apply 
a magnetic field of large intensity to MR fluid and be 
easy to be demagnetized by the coil with small electric 
power. 
The state of the permanent magnet material with MR 
fluid is shown in Figure 8 (a) [5], and the yield stress of 
MR fluid in the magnetic field is shown in Figure 8(b). 
When magnetizing MR fluid, an instantaneous electric 
current is applied to the coil. Then the permanent magnet 
material in natural condition (State (1)) is 
fully-magnetized, and its state moves to State (2). After 

Table 2 Specification of the permanent magnet used in 
the electromagnet/permanent magnet hybrid 

magnetizing device 

Material Al-Ni-Co  (Alnico5) 

Magnetic saturation 240 kA/m 

Remanent magnetic flux density 1.2 T 

Coercive force 50 kA/m 

Figure 6 Electromagnet / permanent magnet hybrid 
magnetizing device for MR fluid control 

Figure 7 Demagnetization curve of various 
permanent magnets 

(a) Magnetic characteristics of permanent magnet           (b) Yield stress of MR fluid under the magnetic field
material in the magnetic circuit with MR fluid 

Figure 8 Principle of power-saving magnetizing for MR fluid using magnetization/demagnetization of 
permanent magnet material 
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electric current is turned off, its sate moves to State (3). 
The intersection point of the demagnetization curve and 
permeance line is the operating point for maintaining 
magnetic field to MR fluid without electric power 
consumption. When demagnetizing MR fluid, the 
instantaneous electric current of counter direction at 
magnetizing is applied to the coil. Then the state of the 
permanent magnet material moves from State (3) to State 
(4). After the current is turned off, its state returns to the 
origin (State (1)) along with the recoil line. In this case, 
the operating point is fixed because the state moves on 
the major loop of magnetizing/demagnetizing property of 
the permanent magnet material. It is possible to control 
the intensity of magnetic field applied to MR fluid. The 
electric current supplied to the coil should be controlled 
so that the state could move on the minor loop. The 
concept of magnetic field intensity control is shown in 
Figure 9. 

Testing of Viscosity Control Using Electromagnet / 

Permanent Magnet Hybrid Magnetizing Device 

Figure 10 shows the measured results of the cylinder rod 
velocity under the constant pressure difference 
( p=0.1MPa). The energizing time width of electric 
current both for magnetizing and demagnetizing is set at 
10ms constant. The amplitude of current varies at 0, 4, 5, 
6, 8 and 10A. Over the current of 8A, the permanent 
magnet material is fully-magnetized and magnetizing 
state moves on the major loop. On contrary, the state 
moves on the minor loop in case of the current below 8A. 
In Figure 10, the slope of each curve is equivalent to the 
viscosity of MR fluid. The minimum viscosity is as same 
as that of non-magnetized MR fluid without magnet. It is 
confirmed that this device can control the viscosity of 
MR fluid without electric power consumption during 
maintaining the field. 
The electric power consumption of the prototype device 
in one cycle of magnetizing and demagnetizing can be 
calculated by the followings; this device consumes the 
electric power only at magnetizing and demagnetizing 
the permanent magnet material. The electric power 
consumption H(W) is estimated with the current i (A) 
and coil resistance R( ) by H=i2R. The consumed energy 
E is derived from the integral of H with the current of 
10A and the energizing time width of 10ms. In this case, 
E marks 1.7J/cycle. 
Assuming the permanent magnet material rod is replaced 
by the iron rod and the constant current is applied to the 
coil continuously, the current of 0.8A is required for the 
same magnetic field intensity as this device. The electric 
power consumption H is 2.4W and the consumed energy 
E is proportional to the time width of maintaining the 
field. It reaches to 1.7J by time width of 0.7s. 
Over 0.7s for maintaining the magnetic field, this device 
is superior to a conventional magnetizing device from 
the viewpoint of the electric power-saving. It is 
remarkable when the time width for maintaining the field 

becomes longer. 

MECHANICALLY DRIVE / PERMANENT 

MAGNET HYBRID MAGNETIZING DEVICE FOR 

ELECTRIC POWER-SAVING 

Configuration of Mechanically Drive / Permanent 

Magnet hybrid Magnetizing Device 

Though a permanent magnet can apply the constant 
magnetic field intensity to MR fluid, it is difficult to vary 
the intensity of the field if the permanent magnet is fixed. 
On contrary, the magnetic field applied to MR fluid can 
be controlled if a permanent magnet can move in a yoke 
because the reluctance between the magnet and yoke is 
varied by the relative position of them. For example, the 
maximum magnetic field intensity is applied to MR fluid 
when the permanent magnet and yoke are fully 
overlapped. The overlap of them becomes smaller, the 

Figure 9 Concept to control the intermediate magnetic 
field applied to MR fluid using magnetization / 

demagnetization of the permanent magnet in the minor 
loop of B-H curve. 

Figure 10 Measured result of MR fluid viscosity 
change controlled by the electromagnet / permanent 

magnet hybrid magnetizing device at every 
magnetizing current 
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intensity of the field weaker. The simple idea is that an 
actuator moves a permanent magnet against the yoke. 
However, a restoration force, which attracts to maximize 
the overlap of a yoke and magnet, always acts on the 
magnet when it protrudes from the yoke. The restoration 
force is caused by the change of reluctance due to the 
magnet movement. In order to maintain the position of 
the magnet, a brake mechanism which consumes the 
electric power is required in the actuator. The electric 
power consumption increases when the intensity of 
magnet is large and the time width maintaining the 
magnet position is long. In this study, a new 
configuration of magnetizing device in which the 
restoration force can be reduced against the large 
intensity magnet is proposed. This prototype device is 

shown in Figure 11. In this device, the permanent magnet 
can be moved by an electrical linear actuator. The width 
of the yoke end covers the range of the magnet 
movement, and they are always fully overlapped to 
reduce the restoration force. The yoke separates into two 
symmetrical magnetic circuits. A tube is inserted into 
each magnetic circuit. The tube in the right side magnetic 
circuit in Figure 11 is the conduit for MR fluid flowing 
through the device, another tube in the left side circuit is 
a capsule containing MR fluid and its diameter is the 
same as the right side tube. Because this capsule acts like 
a dummy conduit with the same magnetic property of 
MR fluid in the right side tube, the reluctance is almost 
constant regardless of the magnet position. 
A strong magnet, Neodymium (Ne-Fe-B) magnet, is used 

Figure 11 Mechanically drive / permanent magnet hybrid magnetizing device for MR fluid control 

TubeLinear guideYoke Permanent magnet 

Dummy capsule 

Linear actuator

Figure 12 Simulated result on the position of the permanent magnet 
(The magnetic field to MR fluid varies from 20kA/m to 80kA/m which is  

equivalent to  the yield stress of MR fluid from 4kPa to 18kPa) 
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for this prototype device. Figure 12 shows the simulated 
result on the position of the magnet. From the simulation, 
it is estimated that this device applies the magnetic field 
to MR fluid from 20kA/m to 80kA/m. It means that this 
device can control the yield stress of MR fluid from 4kPa 
to 18kPa. 

Testing of Viscosity Control Using Mechanically 

Drive / Permanent Magnet Hybrid Magnetizing 

Device 

The center of the yoke, in which the width is 16mm, is 
defined as x=0, and the side of MR fluid conduit is 
defined as x>0, the dummy capsule side as x<0. Figure 
13 shows the measured result of flow rates of MR fluid 
under the constant pressure difference ( p=0.1MPa), 
when the center of the magnet with 8mm width moves 
from x= - 4mm to x=4mm. When the magnet moves 
closer to MR fluid conduit side, the magnetic field 
intensity and its viscosity in this side become larger, and 
the flow rates decrease. When the magnet is placed 
closest to the dummy capsule side, the flow rates of MR 
fluid are the almost same as that of non-magnetized MR 
fluid. 

CONCLUSION 

For the purposes both of the controllable viscosity range 
expansion and the electric power-saving at magnetizing 
MR fluid, this study proposed new magnetizing devices 
as following; (1) Digital / analog hybrid magnetizing 
device controlled by the modified PCM, (2) 
Electromagnet / permanent magnet hybrid one which 
utilizes the magnetizing and demagnetizing property of 
the permanent magnet material and (3) Mechanically 
drive / permanent magnet hybrid one in which the 
magnetic field is controlled by the strong permanent 
magnet movement with less electric power consumption. 
The digital / analog hybrid one is effective to expansion 
of the controllable viscosity of MR fluid,  both the 
electromagnet / permanent magnet hybrid one and the 
mechanically drive / permanent magnet hybrid one are 
effective to the electric power-saving in maintaining the 
magnetic field. Those three hybrid magnetizing concepts 
are not independent each other, and can be combined to 
realize both requirements in one device. 
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ABSTRACT 

In this paper, a novel technique to reduce the steady-state error of a full-digital pneumatic motor speed control system 
by two-step variable current input is proposed and realized. One feature of such a control system is the utilization of a 
full-digital control valve (FDCV) consisting of 12 parallel-connected 2/2 pneumatic on-off valves. Obviously, the 
employed FDCV is intended to replace the expensive proportional or servo valve. In addition, compared to the 
conventional PWM-controlled proportional flow control scheme, the new FDCV possesses several advantages like 
medium operating noise, long life, ease of control and low cost. The conventional binary coding system together with 
the FDCV is chosen for this study. However, the major fault of the FDCV is its nonlinear saw-toothed flow-rate 
characteristic which generally results in the limit-cycle oscillation and the undesirable steady-state error. Therefore, a 
novel technique to reduce the steady-state error is further developed in this paper. The basic idea of the proposed novel 
technique is to adjust the opening areas of on-off valves in the FDCV by applying two-step current input structure to the 
valve coils. Consequently, without any hardware modification, an alternative saw-toothed flow-rate characteristic with 
higher resolution but less maximal flow-rate is available in the steady-state response. Finally, experimental results show 
that the steady-state error is significantly reduced by the proposed novel current switching control structure. 

KEY WORDS  

Pneumatics, Pneumatic Motor, Proportional Technology, Full-digital Control 

NOMENCLATURE 

u(k) actuating signal, 
e(k) error signal, 

PK gain of the proportional controller,  

IK gain of the integral controller, 

DK gain of the derivative controller.  

INTRODUCTION 

Nowadays, applications of pneumatic system may be 
found in many different engineering fields, like the 
automation technology, mechatronics, pneumatic tools, 
rehabilitation devices used by human being, clean room 
technology and so on [6, 7]. In a conventional position 
or speed control system, servo or proportional valve is 
generally utilized to achieve precise, linear and 
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continuously variable position or speed control. 
However, such valves are generally expensive and they 
are analogue components that are sensitive to noise or 
disturbance. To reduce the cost, another digital 
proportional control structure is proposed [2], in which 
four or more fast-switching 2/2 on-off valves using 
PWM-control are employed. A significant advantage of 
the fast-switching PWM-control structure is the lower 
cost. Its major faults, however, are noisy operation, 
short life and the obvious steady-state error. In this 
paper, therefore, a novel full-digital proportional 
pneumatic motor speed control system is developed and 
realized. The newly presented full-digital control valve 
(FDCV) consists of 12 parallel-connected 2/2 pneumatic 
on-off valves. In addition, a SSR relay module and 
binary coding system are also necessary components. 
Compared to the conventional PWM-control 
fast-switching proportional flow control structure, the 
new full-digital control system possesses several 
advantages like medium operating noise, long life and 
ease of control [3, 4]. Similar to the simple sequence 
control structure, the basic principle of the developed 
FDCV is that the number of actuated 2/2 pneumatic 
on-off valves depends on the actual demand of the 
volumetric flow-rate [6, 7]. In details, if the demanded 
volumetric flow-rate is quite low, then only few 
switching valves will be energized to supply low 
amount of airflow to the system. On the other hand, if 
the speed control system demands large amount of 
airflow, then more 2/2 switching valves will be switched 
to ON position. Table 1 shows some comparisons 
between aforementioned three control structures. 
Surveying some previous reports, it can be found that 
the concept of full-digital control scheme proposed in 
this paper can be found in early 1980s [1]. However, 
this control scheme was not considered to be promising 
because the global digital revolution just began and was 
not fully developed at that time. On the other hand, the 
commercial products of 2/2 pneumatic on-off valve in 
1980s were generally slow, expensive and bulky, which 
were definitely not suitable for the realization of the 
full-digital proportional pneumatic speed control system. 
Nowadays, however, the digital revolution covers all 
fields of technology, entertainment and other aspects. In 
addition, some fast, low-cost and small-sized sectional 
2/2 pneumatic on-off valves are developed and 
commercialized. Thus, it may be concluded that the 
full-digital control scheme is ready for the application to 
the pneumatic motor speed control system. However, 
the major fault of the FDCV is its nonlinear saw-toothed 
flow-rate characteristic which generally results in the 
limit-cycle oscillation and the undesirable steady-state 
error. Therefore, a novel technique to reduce the 
steady-state error is further developed in this paper. The 
basic idea of the proposed novel technique is to adjust 
the opening areas of all on-off valves in the FDCV by 
applying two-step current input structure to the valve 

coils. Consequently, without any hardware modification, 
an alternative saw-toothed flow-rate characteristic with 
higher resolution but less maximal flow-rate is available 
in the steady-state response if the lower current is 
applied to the solenoid valve coils. In details, after 
reaching the pre-set quasi steady-state response, the 
control scheme is then switched from the larger 
maximal flow-rate mode to the higher resolution mode 
so that the steady-state error can be effectively reduced. 
In the following, the coding system as well as the 
designed test bench for the full-digital pneumatic motor 
speed control system is outlined. 

CODING SYSTEM AND TEST BENCH 

In this paper, the simple but effective binary coding 
system is utilized [3, 4]. Figure 1 shows the details of 
the binary coding system. The nonlinear and 
discontinuous saw-toothed air flow-rate output is 
depicted in Fig. 2. Obviously, the more 2/2 on-off 
valves are used, the higher control resolution could be 
achieved. However, more 2/2 on-off valves means also 
higher cost, which is generally not acceptable in most 
real applications. Therefore, a trade-off must be made. 
In this paper, the number of utilized on-off valves is 
chosen to be 12 to meet the trade-off. Figure 3 shows 
the real picture of the designed FDCV consisting of 12 
small-sized 2/2 on-off valves (SMC V114 series). To 
achieve the synchronous actuation of all valves, it is 
essential that all 12 2/2 on-off valves are of the same 
type and manufactured by the same company. 
The circuit diagram of the full-digital pneumatic motor 
speed control system is shown in Fig. 4. The speed of 
the pneumatic motor is controlled by only one set of 
FDCV shown in Fig. 3, which controls the airflow rate 
for P->A position. At the beginning, the FDCV is fully 
opened. Thus, the pneumatic motor is accelerated. 
However, if the motor runs too fast meaning that the 
control overshoot happens, the FDCV is then switched 
off and the motor slows down gradually due to inertia 
and friction force. To measure the speed of the 
pneumatic motor, a simple digital encoder is utilized. 
The measured speed signal is then fedback to the 
PC-based controller to form a closed-loop control 
scheme. In addition, a SSR module consisting of 12 
solid-state relays serves as the drive unit in the test 
device. 

Due to the discontinuous saw-toothed airflow-rate 
characteristic shown in Fig. 2, the limit-cycle 
oscillation is generally inevitable and exists in the 
steady-state response [7]. This is chiefly because that 
one or two 2/2 on-off valves of FDCV are still 
switched on and off continuously trying to reduce the 
steady-state error in the closed-loop steady-state 
response. Surveying some previous relevant studies, 
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it is found that different coding systems in full-digital 
control structure can be used to reduce steady-state 
error [3, 4]. In this paper, however, a simple but novel 
full-digital current switching control structure based 
on conventional binary coding system is proposed to 
reduce the amplitude of the undesired limit-cycle 
oscillation. Referring to the force/stroke family 
curves of a general switching solenoid as shown in 
Fig.5, it is clear that different force output can be 
obtained if the input current is changed. An example 
is also given in Fig.5. That is, if the input current is 
changed from i1 to i2, then the spool stroke of the 
switching valve is varied from S1 to S2. Therefore, the 
opening area and the volumetric airflow rate output 
of the switching valve will also be changed 
accordingly. In summary, the basic idea of the 
proposed current switching control structure is to 
reduce the opening areas of all 2/2 on-off valves in 
the FDCV simultaneously by applying lower input 
excitation current to the coils. Consequently, in the 
steady-state response, an alternative saw-toothed 
flow-rate with higher resolution but less maximal 
flow-rate is available as shown in Fig.6. The most 
suitable switching timing has to be obtained by 
trial-and-error and is found to be the time when the 
transient response reaches around 50 % of its final 
value for the tested pneumatic motor. This is also 
defined as the beginning of the quasi steady-state 
response in this paper. At this moment, the control 
scheme is switched from high speed mode to high 
resolution mode so that the steady-state error is 
expected to be reduced effectively. 

NOVEL TWO-STEP CURRENT CONTROLLER 

DESIGN

Figure 7 shows the block diagram of the closed-loop 
motor speed control system. To show the validation of 
the proposed full-digital proportional pneumatic motor 
speed control scheme, a simple PID controller is utilized 
in this paper as shown in Eq. (1). The chosen gains for 
the PID controller are obtained by trial-and-error 
approach. As shown in Fig. 7, it is observed that the 
first-step current input (0.8A) is supplied to the on-off 
valves if the actual motor speed, , is lower than the 
pre-set switching timing, that is,  < 0.5 R, where the 
symbol R denotes the desired speed input to the system. 
At this time, the orifice areas of all on-off valves are 
fully open with maximal airflow-rate output to achieve 
fastest response. Therefore, it is called the high-speed 
mode in this paper. On the other hand, if the motor 
speed exceeds the pre-set switching timing, that is,  > 
0.5 R, the input current is then switched to the 
second-step current (0.5A). At this moment, the orifice 
opening areas of all on-off valves are reduced. This is 

called the high-resolution mode. Meanwhile, the 
airflow- rate output is also reduced by nearly 50%. 

dt
tdeKdeKteKtu D

t

Ip
)()()(

0
.          (1)  

                                
Where

tu : Actuating signal, 
te : Error signal, 

PK : Gain of the proportional controller, 

IK : Gain of the integral controller, 

DK : Gain of the derivative controller. 

EXPERIMENTAL RESULTS OF MOTOR SPEED 

CONTROL AND DISCUSSION  

Owing to the nonlinear saw-toothed airflow-rate 
characteristic shown in Fig. 2, it can be seen that the 
airflow-rate output between 1Q and 2Q (for example: 
1.5Q) is practically impossible due to the inherent, poor 
resolution of the full-digital control system. 
Consequently, the limit-cycle oscillation is inevitable 
and exists in the steady-state response because one or 
two 2/2 on-off valves of FDCV are still switched on and 
off continuously trying to reduce the steady-state error 
in the closed-loop steady-state response. In this paper, a 
novel current switching control structure is proposed 
that makes the higher resolution of airflow-rate possible. 
In details, the original 12-step resolution of the 
saw-toothed airflow-rate shown in Fig. 2 is successfully 
doubled by switching the input current between the 
normal (24V, 0.8A) and the smaller current value (24V, 
0.5A). In this paper, the former is named the first-step 
current and the latter is called the second-step current. 
Consequently, the value of the parameter K in Fig. 6 is 
found to be 0.5 approximately and the airflow-rate 
output of 1.5Q becomes possible. Figure 8 shows the 
open loop speed control performance of the tested 
pneumatic motor. There are two curves in this figure. 
The upper curve represents the motor speed output 
using the first-step input current (0.8A) and the lower 
curve indicates the motor speed output using the 
second-step input current (0.5A). Obviously, the 
resolution is increased from 12 steps to 24 steps without 
any hardware modification if both current levels are 
switched properly. However, it is also noticeable that 
two kinds of nonlinearity, that is the dead-zone and 
saturation, exist in the open loop speed control 
performance. Such nonlinearities can be effectively 
compensated by the closed-loop control scheme. Figure 
9 shows the closed-loop motor speed control responses. 
The desired motor speed input is set to be 750 rpm. 
From the enlarged response curves shown in Fig. 10, it 
is observed that the limit-cycle oscillation exists. To 
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quantify the control error, the root-mean-square method 
is chosen. After some calculations, the 
root-mean-square steady-state error is decreased from 8 
rpm to 2 rpm if the proposed two-step current switching 
control structure is utilized. That is, the steady-state 
error is decreased by 75%. In addition, it is also 
observable that the amplitude of the limit-cycle 
oscillation is reduced significantly. The PID controller 
gains for the experiments are chosen to be KP = 0.16 
V/m, KI = 0.003 V*s/m and KD = 0.001 V*s2/m
respectively and the switching timing is set to be 50%. 
However, the proposed full digital two-step current 
switching control structure introduces inevitably some 
phase lag in the transient response. This is reasonable 
because the maximal flow-rate output is reduced by half 
when the high resolution mode is switched on. 

CONCLUSION 

In this paper, a full-digital control scheme for pneumatic 
motor speed control system is successfully developed 
and implemented. Compared to the fast-switching 
PWM-control proportional flow control scheme, the 
full-digital control scheme possesses several remarkable 
advantages like medium operating noise, long life and 
ease of control. From the experimental results, it is also 
proved that the amplitude of the steady-state limit-cycle 
oscillation is significantly reduced by using the 
proposed two-step current switching control structure as 
compared to the utilization of a conventional control 
scheme. Besides, it is also expected that such a 
full-digital switching control structure together with the 
proposed FDCV has the potential to replace some 
traditional proportional or servo valves in the future. 
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ILLUSTRATIONS 

     

Fig.1. Details of the binary coding system 

Fig.2. Discontinuous saw-toothed airflow rate  

Fig. 3 The real picture of designed FDCV 
speed control system of an air 
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Fig.4. Proposed circuit diagram for the full-digital 
pneumatic motor speed control system. 

Fig.5. Force/stroke family curves of a general switching 
solenoid. 

Fig.6. Comparison between the discontinuous airflow 
rate output for high speed mode and high resolution 

mode 

Fig.7. Block diagram of the full-digital closed-loop 
motor speed control system 

Fig.8. Comparison of motor speed control between the 
one-step current controller and two-step current 

switching controller 

Fig.9. Experimental comparison between the 
conventional binary coding controller and the proposed 

full-digital two-step current switching controller 
(switching timing: 50%). 
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Fig.10: Enlarged comparison between the 700 rpm to 
800 rpm. 

Table 1: The comparisons between aforementioned 
three control schemes 

Full-digital 
proportional

control

PWM fast- 
switching

on/off  
control

Traditional 
proportional/
servo valve 

control
Cost Medium Low High 
Life Long Short Long 

Noise Medium High Low 
Dimension Medium Small Small 
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ABSTRACT

Time delay caused by pipelines connected to a pneumatic cylinder makes the controllability of the cylinder worse. Usu-

ally, pipelines are treated as lumped parameter systems. However, the pressures and flow velocities in the pipeline are

distributed. If the pipeline is given as a distributed model, the controllability of the pneumatic cylinder can be improved.

Usually, sensors are used to measure the state of a cylinder chamber. However, the sensors at the cylinder chambers are

not desirable in terms of explosion and water proof. A distributed observer based on numerical simulation for a valve-

cylinder connecting pipeline can estimate the real-time state of the cylinder chamber without the sensors. In this paper, we

propose a real-time pressure estimation at cylinder chamber by using distributed observer for a valve-cylinder connecting

pipeline. The effectiveness of the method is demonstrated experimentally.

KEY WORDS

Pneumatic Cylinder, Pipe Flow, Distributed Observer

NOMENCLATURE

A : Cross section [m2]

Cv : Specific heat at constant volume [J/(kgK)]

D : Pipe diameter [m]

f : frequency [1/s]

G : Mass flow rate [kg/s]

h : Heat transfer coefficient [W/(m2K)]

k : Thermal conductivity [W/(mK)]

L : Pipe length [m]

P : Pressure [Pa]

Pr : Prandtl number [ ]

R : Gas constant number [J/(kgK)]

Re : Reynolds number [ ]

S h : Heat transmission area [m2]

t : Time [s]

u : Velocity of air [m/s]

V : Volume of cylinder chamber [m3]

x : Position [m]

ρ : Density [kg/m3]

γ : Ratio of specific heat [ ]

λ : Coefficient of pipe friction [ ]

θ : Temperature of air [K]

Subscripts
a : Atomosphere

c : Cylinder

d : Discharge side

u : Charge side

p : Pipeline

1,…, n : Mesh index of pipeline
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INTRODUCTION

Time delay caused by pipelines connected to a pneu-

matic cylinder makes the controllability of the cylinder

worse. Usually, pipelines are treated as lumped parameter

systems[1]. However, the pressures and flow velocities in

the pipeline are distributed. If the pipeline is given as

a distributed model, the controllability of the pneumatic

cylinder can be improved. Many studies for obtaining ap-

proximate solutions were conducted by solving the equa-

tions numerically with a computer. Usually, sensors are

used to measure the state of a cylinder chamber. How-

ever, the sensors at the cylinder chambers are not desir-

able in terms of explosion and water proof.

The method of characteristics is a well known tech-

nique for solving partial differential equations, and is ap-

plied to compute the response of fluid pipelines. Even

though the method of characteristics shows excellent

agreement with experimental results in small amplitude

wave [2][3][4][5], it can not be applied to a flow com-

putation when the bulk velocity is not negligibly small.

The authors have proposed pressure control of a pipeline-

chamber system using an observer for the pipeline with-

out sensors at the chamber [6]. A distributed observer

based on numerical simulation for a valve-cylinder con-

necting pipeline can estimate the real-time state of the

cylinder chamber without the sensors. In this paper, we

propose a real-time pressure estimation at cylinder cham-

ber by using distributed observer for a valve-cylinder

connecting pipeline. The effectiveness of the method is

demonstrated experimentally.

DISTRIBUTED MODEL OF PIPELINE

The pipeline is given as one dimensional distributed

model. The governing equations of the pipelines are

motion equation(1), continuity equation(2), energy equa-

tion(3), and state equation of gas(4). We use dis-

tributed observer by solving these equations by difference

method.

Fig. 1 The staggered grid system

Fig. 2 The actual system and the computation model

of the distributed observer

∂u
∂t
+ u
∂u
∂x
= −1

ρ

∂P
∂x
− H (1)

∂ρ

∂t
+ u
∂ρ

∂x
= −ρ∂u

∂x
(2)

∂p
∂t
+ u
∂P
∂x
= −γρ∂ρ

∂x
+ ρ(γ − 1)(uH + T ) (3)

P = ρRθ (4)

where

H = λ|u|u/(2D) (5)

λ = 0.3164R−0.25
e (6)

T = −h(θ − θa)/(ρD)) (7)

h = 0.023R0.8
e P0.4

r k/D (8)

k = 7.95 × 10−5θ + 2.0465 × 10−3 (9)

Pressure loss due to friction along a pipe to the average

velocity of the fluid flow is described with the Darcy-

Weisbach equation as shown in (5). As a flow coefficient

of turbulent flow, the Blasius friction factor described in

(6) is employed. The rate of convective heat transfer be-

tween the pipe wall and the air is given by (7). Heat trans-

fer coefficient is described in the formulation given as (8).

The Dittus-Boelter equation is employed for describing

Nusselt number. Thermal conductivity is approximated

by (9) .

A staggered grid system as shown in Fig.1 is employed

for a stable computation. Fig.2 shows the actual system

and the computation model of the distributed observer.

The distributed observer regards the cylinder chamber as

a part of the pipeline and decide length of the last grid

L′ to equal the volume of cylinder chamber. As the inlet

boundary condition, the measured pressure is used and
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regards gradient of flow velocity as 0. As the outle bound-

ary condition, we calculate state of cylinder chambers by

solving following equations by difference method. Time

derivative of the state equation of the cylinder chambers

are written as follows

Vcu
dPcu

dt
= −Acu

dxc

dt
Pcu + RθcuGcu +

PcuVcu

θcu

dθcu

dt
(10)

Vcd
dPcd

dt
= Acd

dxc

dt
Pcd + RθcdGcd +

PcdVcd

θcd

dθcd

dt
(11)

The energy equation of the cylinder chambers can be

written as follows

CvPcuVcu

Rθcu

dθcu

dt
= CvGcu(θpun − θcu) + RθpunGcu

− Acu
dxc

dt
Pcu + hcuS hcu(θa − θcu)

(12)

CvPcdVcd

Rθcd

dθcd

dt
= RθcdGcd

+ Acd
dxc

dt
Pcd + hcdS hcd(θa − θcd)

(13)

This method is an explicit method. For a stable computa-

tion, the CFL condition described as the following equa-

tion must be satisfied:

cΔt ≤ Δx (14)

When pipe length is 2 m, the tested pipeline is separated

to 4 computation meshes which have a grid spacing of

0.5 m to satisfy the CFL condition. When pipe length is

9 m, The tested pipe line is separated to 9 computation

meshes which have a grid spacing of 1.0 m to satisfy the

CFL condition.

EXPERIMENT
Apparatus

Fig.3 shows the experimental apparatus of pneumatic

cylinder system. The cylinder is controlled by a five port

servo valve.

The apparatus consists of a servo valve( FESTO

MPYE-5-MS-010B-30L-SA ), pipelines, pneumatic

cylinder( SMC CJ2L6-100 ), four pressure sensors(

JTEKT PD64S ), encorder( MTL MLS-12-1500pst ),

an AD converter, a DA converter and a personal com-

puter(Intel(R) Core(TM) i3 CPU M370 @ 2.40GHz).

The servo valve controls the inlet mass flow to the pi-

plines. The AD converter and the four pressure sensors

Fig. 3 Experimental apparatus

Table 1 Specification of the Pipeline connecting to

cylinder

Pipe length L[m] Pipe diameter D[m]

I 2.0 1.0 × 10−3

II 2.0 2.0 × 10−3

III 2.0 4.0 × 10−3

IV 9.0 1.0 × 10−3

V 9.0 2.0 × 10−3

VI 9.0 4.0 × 10−3

Table 2 Specification of the cylinder

Inner Diameter Ac1 = 78.53 × 10−6[m2],

Ac2 = 65.97 × 10−6[m2]

stroke 100 × 10−3 [m]

are used to obtain the pressure at the inlets of the pipelines

and in the cylinder chambers. Pressure supply to the

servo valve was set at 600 kPa. Sampling time of the

AD converter and the DA converter is 1 ms.

Method
We evaluate the computation accuracy and time of the

distributed observer. And, we also compared the dis-

tributed observer with the 2nd order model expressed as

follows[1].

Pc1

Pp1

=
ω2

ne−Td s

s2 + 2ζωns + ω2
n

(15)

where, ωn is natural angular frequency, ζ is damping fac-

ter and Td is time delay. These parameters were identified

by measured pressure at the inlet of the pipelines and at

the cylinder chambers.
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• Step input
A step input of 4.0, 3.5 and 3.0 V has been applied

to the valve. In order to make same initial condition,

initial input voltage applied to the valve is set to 9.0

V . After 2 s, change the input voltage to 4.0 V, 3.5V

and 3.0V . Neutral position of the valve is 5.0 V . V1

is discharge side and V2 is charge side if the input

voltage is 9.0V.

• Position controlled
To evaluate validity of the distributed observer when

the cylinder periodically moves, we compare pres-

sure at the cylinder chambers among the three meth-

ods with the position controlled cylinder. Reference

of position control is set to xc = 10×10−3 sin(2π f t),
f =1 and 2 Hz. Fig.4 shows the block diagram of

control system of the pneumatic cylinder. Table.4

shows control parameters of the controller. These

parameters are determined by trial and error.

Fig. 4 Block diagram of the pressure control

RESULTS AND DISCUSSIONS

Step input
Table.3 shows the identified parameters of the 2nd or-

der model. we can see the parameters are different among

even same condition but with different input voltages.

Fig.5 shows cylinder displacement and comparison of

pressure P1, P2 at cylinder chambers among three meth-

ods: distributed observer, 2nd order model and experi-

ment, versus time when input of 4.0 V has been applied

to the valve with V ( the pipe length L=9 m, the pipe di-

ameter D=2 mm ). In Fig.5, P1 is charge side pressure

of the cylinder chamber and P2 is discharge side pressure

of the cylinder chamber. The experimental data shows

time delay caused by the pipelines. P1 raise rate and P2

drop rate decrease when the cylinder is moving. A differ-

ence is large between pressure at inlet of pipeline and at

cylinder chambers when the cylinder is moving. The dis-

tributed observer can estimate the condition but the 2nd

order model can not. Fig.6 shows comparison of pres-

sure P1 at cylinder chamber among the 3 methods when

input of 4.0,3.5 and 3.0 V has been applied to the valve.

Fig.6 shows the distributed observer can reproduce real

pressure response but 2nd order model can not.

Table 3 Parameters of 2nd order model

Input Voltage [V] ωn [rad/s] ζ Td[s]

4.0 112 1.2 0.001

I 3.5 1000 0.0018 0.030

3.0 113 1.2 0.020

4.0 208 0.40 0.000

II 3.5 118 0.43 0.000

3.0 108 0.51 0.000

4.0 215 0.13 0.000

III 3.5 229 0.13 0.000

3.0 230 0.13 0.000

4.0 10 1.50 0.040

IV 3.5 8 1.80 0.035

3.0 8 1.80 0.035

4.0 15 0.60 0.000

V 3.5 13 0.64 0.000

3.0 17 0.88 0.014

4.0 200 0.58 0.000

VI 3.5 100 0.59 0.000

3.0 34 0.35 0.000

Fig. 5 Pressure responses of the cylinder chamber ( V

: L = 9 m, D = 2 mm )
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(a) V : L = 9 m, D=2mm

(b) VI : L = 9 m D= 4mm

Fig. 6 Pressure responses of the cylinder chambers ( V,

VI ) against the three type of the applied input voltages to

the valve

In order to apply the observer to real-time pressure

estimation, computation times of the observer must be

faster than the real time. 1 s computation times of the ob-

server separated to 4 computation meshes less than 0.017

s and separated to 9 computation meshes less than 0.075

s. Since computation time of explicit method depends on

only time increment and grid space, we confirmed that

the distributed observer can estimate real-time pressure

at the cylinder chambers.

Position control
Fig.7,Fig.8 show comparisons among the three meth-

ods versus time when the cylinder is position contorlled.

with IV ( the pipe length L=9 m, the pipe diameter D=1

mm ) and with V ( the pipe length L=9 m, the pipe di-

ameter D=2 mm ). Reference of position control is set

to xc = 10 × 10−3 sin(2π f t), f =1 and 2 Hz. The pres-

sure estimation at the cylinder chambers by using the ob-

server has a good agreement with experimental result ex-

cept III( f = 2 Hz, D = 1 mm ). On the other hand, the

2nd model can not reproduce the real pressure response.

Fig.7 shows large difference occured when the cylin-

der velocity is large. Possible cause of that difference is

flow velocity distribution in the cylinder chambers. The

distributed observer regards the cylinder chambers as one

grid and calculate the state of the chambers by solving

(10)-(13) and ignores flow velocity disitribution in the

chambers. However, there are flow velocity in the actual

cylinder chambers. Especially, when the cylinder veloc-

ity is large, there are complex flow velocity in the cylin-

der chambers. Flow velocity distribution in the cylinder

chambers effect the pipelines if volume of the pipelines is

small compared to the cylinder chambers. Since volume

of the pipelines of III are small compared to the cylinder

chambers, the distributed observer can not reproduce the

real pressure. In order to calculate more precise pressure,

the observer needs to consider flow velocity distribution

in the cylinder chamber. However, calculation the flow

velocity distribution is very difficult because the flow ve-

locity distribution is very complex.

Another possible cause of that difference is the bound-

ary layer effect in the pipelines. In order to calculate

more precise pressure, observers need to consider flow

in the pipelines as three dimensional flow. More complex

model is needed to solve these problem. However, mak-

ing model more complex may make real-time pressure

estimation impossible.

It is verified that distributed observer can estimate real-

time pressures at the cylinder chambers except the vol-

ume of the pipelines are small compared to the cylinder

chambers

　

Table 4 Specification of the Pipeline connecting to

cylinder

f [Hz] Kpp Kpi Kpd Kap Kai

I 1.0 20 0.08 0.10 0.20

II 1.0 30 0.08 0.15 0.30

III 1.0 30 0.08 0.15 0.30

1 IV 1.2 0 0.06 0.11 0.10

V 1.2 0 0.02 0.22 0.00

VI 2.5 0 0.03 0.20 0.30

I 1.5 0 0.06 0.15 0.30

II 1.5 0 0.06 0.15 0.30

III 1.3 0 0.08 0.20 0.30

2 IV 1.5 0 0.04 0.10 0.00

V 1.3 0 0.06 0.10 0.30

VI 2.0 0 0.05 0.20 0.30
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(a) f =1Hz (b) f =2Hz

Fig. 7 Pressure responses of the position controlled cylinder chambers with IV ( L=9[m],D=1[mm] )

(a) f =1Hz (b) f =2Hz

Fig. 8 Pressure responses of the position controlled cylinder chambers with V ( L=9[m],D=2[mm] )
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CONCLUSION
In the present study, we proposed a real-time pres-

sure estimation at the cylinder chambers by using the

distributed observer. The effectiveness of the method is

demonstrated experimentally. At first, we construct the

distributed observer for a pipeline connecting to pneu-

matic cylinder. Then, we compare pressure at the cylin-

der chambers among three methods: the distributed ob-

server, the 2nd order model and experiment when step

input voltage has been applied to the valve and position

controlled cylinder. The distributed observer has better

agreement with experimental result than the 2nd order

model. We confirmed the distributed observer distributed

observer can estimate real-time pressures at the cylinder

chambers except the volume of the pipelines are small

compared to the cylinder chambers.
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ABSTRACT

A purpose of this study is building the system which can perform remote control only with light and a fluid for a 
transmission signal by simple mechanism without using electricity and an electric wave. In this way, we realize high 
reliability and environmental performance, and we aim at the thing which is expected of the activity in the healthcare,
severe environment and the micromachine. For the summary of the system, it converts light intensity into air pressure
signal and drive an air actuator. Therefore the development of the opto-fluidic transducer which could convert light into 
air pressure was necessary. In this study, we focus on photothermal effect and thermo-magnetic materials which could 
control the putting on and taking off of the magnet by heat. We inspected distance and the temperature in 
thermo-magnetic materials and the magnet to make the most suitable element. As a result, we could realize an objective 
opto-fluidic transducer. 

KEY WORDS

Photothermal Effect, Thermo-Magnetic Materials, Air Pressure

NOMENCLATURE

F : Force                      [N]
r : Distance                       [m]
m : Strength of the magnetic pole [Wb]

: Magnetic permeability in a vacuum [H/m]

INTRODUCTION

The developments of the super minute processing 
technique and the electronics technology of lately years 
are remarkable. Thereby, the microminiaturization of 
various devices has been enabled. In addition, it has 
become possible to achieve a compact, complex, precise 
and reliable electronic equipment. With it, the 
development of the micromachine is expected in various 
fields, and the development of the microactuator is 
indispensable. However, it is very difficult to make the 
micro device which has a complicated electronic circuit 
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and a motor. Besides, the reliability of machinery 
equipped with an electronic circuit has a limitation. As 

environmental obstacles and the influence on 
surrounding. Further influence of frictional force swells 
for generated power in the micro world. Therefore fluid 
pressure without the mechanical contact such as the gear 
is suitable for the transmission of the energy. From these 
reason, it is ideal to build the system that has simple 
mechanism and can transmit signals by using air pressure 
without electrical signals. This can be achieved with the 
opto-fluidic control system. If the device which is 
controlled only by light and air pressure and simple 
mechanism, without electrical signal the attractive 
system which is independent of the environmental 
obstacles and has high reliability can come out.

In this study, we aim at the realization of the 
opto-fluidic control system by using materials called the
thermo-magnetic materials which can control magnetic
induction by heat. In this report, we describe a structure 
of the opto-fluid transducer which is the pivot of this 
system, a theory and a property of thermo-magnetic 
materials.

THERMO-MAGNETIC MATERIALS

A paramagnet has temperature to lose the magnetism 
called the Curie point. This temperature varies by a kind 
of the paramagnet. In the general iron this is 770 [ ]. If 
the iron reaches this temperature the iron loses 
magnetism and does not adhere to a magnet. In addition, 
when the iron cools down from a high temperature state 
and is less than 770 [ ] (Curie point), it gains
magnetism again and comes to adhere to the magnet.
Under low temperature, because the magnetic moment of 
the atom can stand in line in same direction, the 
magnetic moment adheres to the magnet. However, a 
course of the magnetic moment is disturbed because the
heat vibration occurs when it becomes the high 
temperature. Therefore the magnetic moment can t stand 
in line in same direction, and paramagnet loses
magnetism. In higher temperature than Curie point, it is 
not in this way adhered to a magnet. Fig.1 shows the 
image of the state of the magnetic moment before and 
after the Curie point.

The thermo-magnetic materials refer to the thing which 
set the Curie point mentioned above from the normal
room temperature to a high temperature level optionally.
Because the magnetism properties change in 
approximately a Curie point greatly, depending on a 
temperature change, it can control the putting on and 
taking off of the magnet. The thermo-magnetic materials 
include a Fe - Ni alloy, a Fe - Ni - Cr alloy. A Curie point
can be set optionally by changing the combination ratio 
of the materials of this alloy.

The thermo-magnetic materials are generally used for 

temperature sensor and Heating element for IH heating.
In this time, we focus on the low temperature type that 

the Curie point is normally room temperature, and tried 
the application of the opto-fluidic transducer.

Fig.1 State of the magnetic moment

OPTO-FLUIDIC TRANSDUCER

The Fig.2 shows the schema of the opto-fluidic 
transducer.

Fig.2 Schema of the opto-fluidic transducer

The new opto-fluidic transducer changes the flow pass 
by the positioning of the magnet. The positioning of the 
magnet is performed by changing magnetic induction of 
thermo-magnetic materials by the heat of light. In this 
way, the control of the fluid by the light is realized.

Magnet

LightThermo-Magnetic 
Materials

A
B

Airflow
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Fig.3 shows the structure of a new opto-fluidic 
transducer.

Fig.3 Component of opto-fluidic transducer

In this study, the new opto-fluidic transducer consists 
of column-shaped neodymium magnet, acrylic board and 
two thermo-magnetic materials. The neodymium magnet
composes the valve body, the acrylic board composes the 
spacer and thermo-magnetic materials move the valve.
We distinguish two thermo-magnetic materials from A, B 
each.

MAIN PARAMETER

Eq. (1), Eq. (2), Eq. (3) express Coulomb s low.

Understanding from this expression, the gravitation
occurred between particles on two magnetic charges is 
proportional to the strength of the magnetic pole, and 
inversely proportional to square of the distance. We 
decided to inspect size of the magnet and
thermo-magnetic materials, distance between the magnet 
and thermo-magnetic materials, and two
thermo-magnetic materials as a main parameter. We aim 
at finding the most suitable combination from this
inspection.

PRINCIPLES OF MOVEMENT

Fig.4 and Fig.5 show a process of the movement of a 
new opto-fluidic transducer.

Fig.4 Theory 1 of the opto-fluidic transducer

Understanding from the Eq. (3), if the strength of the 
magnetic pole is the same, gravitation of the one closing 
the magnet becomes strong. Therefore, when < , it 
becomes < , and the magnet is stable at the upper 
part of thermo-magnetic materials A.

Fig.5 Theory 2 of the opto-fluidic transducer

When the thermo-magnetic materials A is warmed by 
light, the magnetic induction of thermo-magnetic 
materials decreases, and gravitation between the magnet 
and the thermo-magnetic materials become weak. Even 
if it is < , it becomes < , and the magnet is 
drawn to thermo-magnetic materials B.

Magnet

Thermo-Magnetic 
Materials

AB

Acrylic Board

AB

Light

AB

Light
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Changing the position of the valve disc by light, the
control of fluid by using above-mentioned movement is 
done. As a result, it realize the control of the fluid by 
light signal without using electricity.

THE CHOICE OF THE MAGNET

In this study, the magnet is the important element 
which roles and acts as the valve body. It is a part 
affecting the reply of the element greatly. Therefore the
resistance of movement must be little as much as 
possible at the time of a change, and it is demanded that 
the magnet could cover air passage well. From these, we
decided to make the shape a column-shaped. In the case 
of a column shape, it can perform the shut off or open 
state of the valve body in a rolling and not sliding, being 
little resistance. In the experiment, we use the magnet 
which a diameter and height are equal in mainly.

For the kind of the magnet, we use a neodymium 
magnet. The neodymium magnet has the best magnetic 
characteristic in a circulating magnet and can create 
strong magnetic fields even if small. The magnet is hard
itself, and it does not break and miss, and the mechanical 
strength is good. By using the magnet's self moving 
characteristic we can switch the valve. This is the reason 
the magnet's force is prefer to be strong. In addition, the 
retention of the magnet should be strong because it 
affects the stability as the element. We thought that the
neodymium magnet was most suitable from these points 
and chose it.

In the point where it should be careful about alone, the 
neodymium magnet is more vulnerable byheat than other 
magnets. By the normal use, it hardly becomes the 
problem, but it is necessary to consider a heat-resistant 
type and magnet shape, cooling under a high 
temperature.

THE CHOICE OF THE THERMO-MAGNETIC 

MATERIALS

In this study, the thermo-magnetic materials are the 
most important element and are the key materials of the 
study. Because we use the heat occurred by light this 
time, the Curie point of the thermo magnetic materials 
are desirable for near the normal room temperature.
Therefore we decided to use the low temperature type 
that a magnetic characteristic changed greatly in the 
range of 80 [ ] from -20 [ ]. For the materials fitting 
to above condition, we used a Fe - Ni alloy.

It was confirmed that a shape and the size of 
thermo-magnetic materials had a significant influence on
the stability of the valve body and the position. The
column magnet of the valve is magnetized axially, and 
long distance direction of thermo-magnetic materials and 
the axial direction of the column magnet make to be 
stable in form to agree. Fig.6 shows the construction.
The shape is made as a plate-shaped rectangular solid.

We change the vertical thickness and the horizontal 
length of the plate and inspect the characteristic.

When we inspect the influence of shape and the size of 
thermo-magnetic materials, cutting process of materials
is necessary. We cut the thermo-magnetic materials by 
wire cut electric discharge method.

Fig.6 Stable course of the magnet

WARMING OF THE THERMO-MAGNETIC 

MATERIALS BY THE LIGHT

Fig.7 shows a temperature change when we warmed 
the plate of the thermo-magnetic materials using light.

Fig.7 Warming of the thermo-magnetic materials by 
the light
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We used a short arc metal halide lamp for a source of 
light. This is illumination of the luminescence source 
type. Because it does not include most of the infrared 
light, it is low fever of quarter of the halogen bulb. The 
wavelength spectrum properties are almost natural light 
of the sun.

The Fig.8 shows the set up of the experiment. In 
consideration of doing constantly, we tested without 
painting on the thermo-magnetic materials with light 
absorbing body such as a carbon black in a 
low-temperature type source of light, but it was able to 
warm the thermo-magnetic materials by light enough.
The Fig.7 shows switched on the source of light with 
stating the measurement and became a certain measure 
of high temperature. We stopped irradiation of the light 
and measured the state that cooled down naturally. The 
warming of the thermo-magnetic materials by the 
irradiation of the light performs a temperature rise in the 
ratio of uniformity, but heat radiation efficiency fall as 
soon as it approached to the room temperature by the 
natural cooling and is supposed temperature becoming 
hard to decrease. When it is incorporated in the
opto-fluidic transducer, we understood that it must be 
cooling after the warming.

On this condition, temperature control of the 
thermo-magnetic materials by the light was possible 
enough. Given these, the start of the temperature rise can 
earlier if we paint the thermo-magnetic materials with 
carbon black, and using the infrared light that is strong in 
a source of light. Then, if they cool off using the air flow 
that it can make the reply better because of improving 
the heat radiation characteristics.

Fig.8 State of the thermometry experiment

CHARACTERISTIC

The Fig.9 shows main parameter and the Fig.10 shows 
relations of the distance versus difference of 
temperature of two thermo-magnetic materials when the 
valve body has switched.

Fig.9 Main parameter

Fig.10 Relations of distance and the difference of 
temperature when the valve disc changed

In this figure, the size of  magnet is 10 [mm] 10 
[mm], the thermo-magnetic materials is 5 [mm] 30 
[mm] 1.5 [mm], thickness of the spacer acrylic board is 
2 [mm], and the atmosphere is normal room.

Initial distance of two thermo-magnetic materials
begins from 7 [mm]. If the distance is smaller than this, 
the magnet of the valve body is stable in the vicinity of 
the center between two thermo-magnetic materials, and it 
does not work as a switching valve. In addition, it is not 
possible to switch without giving enough gravitation to 
produce between magnet and the thermo-magnetic 
materials when distance of two thermo-magnetic 
materials is too large.
In the Fig.10, it was confirmed that there was the 

proportional relations between difference of temperature 
and the distance of two thermo-magnetic materials when 
the valve disc has switched. If the distance between two 
thermo-magnetic materials is small, the difference of 
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temperature when the valve body is switched in the 
thermo-magnetic materials is small. On contrary, it 
becomes higher if the distance is long. If the difference 
of temperature when the valve body has switched is
lower, that is, it is easy to switch, and it means that reply 
is good. But it leads to increasing instability as the 
element. On the contrary, if distance of between two 
thermo-magnetic materials is large, the difference of 
temperature when the valve disc has switched becomes
higher and the response falls, but the stability is
improved. It may be said that the response has a 
contradicting relation with stability. Therefore both 
balances must be heeded. we find a condition to be able 
to satisfy the demand as the opto-fluidic transducer.

From the expression of the coulomb of Eq. (3), it is 
understands that the strength of the gravitation between 
magnetic bodies is proportional to the strength of the 
magnetic pole and inversely proportional to square of the 
distance. The upper limit of the magnetic induction of 
the thermo-magnetic materials is decided. From these, 
the factor to affect the switch of the valve (stability and 
reply of the element) greatly is the strength of the magnet, 
size, the thickness of the spacer, the distance of between 
two thermo-magnetic materials, and we should inspect 
chiefly. Above all, distance between two 
thermo-magnetic materials is the most important factor.
In other words, to choose the nearest distance is ideal,
while the valve is stable to secure stability and the reply 
of the selector valve.

MERIT

The opto-fluidic transducer in this study has very 
simple mechanism, and does not include an electrical 
element at all with using only light and air for the 
transmission signal. From these, the opto-fluidic 
transducer has a merit such as that the trouble tolerance 
is very high, it is strong in influence from the outside, it 
is very clean, it does not pollute the neighborhood even 
if damages, do not have to worry about the electric shock, 
flexibility is high, it does not need a power supply to be 
driven, and so on. In other words, it may be said that the 
transducer is superior to environment resistance, and safe 
for people.

OPTO-FLUID CONTROL SYSTEM

Fig.7 shows schema of the opto-fluid control system.
This system can be remote controlled without 
transmitting the electrical signal, and completely isolates
an exact control part from a drive working outside. As a 
control process, it controls the source of light first and
the input light signal into the opto-fluidic transducer
changes. Then, the input light intensity is converted into 
air pressure, and the air actuator is driven. In this way, 
the control of the actuator by light signal is realized. The 
electrical element is not included in a drive at all. 

Fig.7 Schema of the opto-fluid control system

APPLICATION OF THE OPTO-FLUID CONTROL 

SYSTEM

Because this system is independent of the 
environmental disorder under the severe environment 
such as the medical field that is sensitive to the influence 
of the electromagnetic wave, the nuclear reactor that are
affected by the strong electromagnetic wave and 
radiation from the outside, various applications are
expected. In addition, it is very simple. it is suitable for 
downsizing and hides the possibility of the application to 
the field of micromachine.

CONCLUSION

We described about the new opto-fluidic transducer. 
As described, the opto-fluid control system can realize 
the high environment resistance and environmental 
performance by simple mechanism. It is hard to be 
influenced by the external environment and new 
applications are expected. The opto-fluidic transducer in 
this study will be further improved, and we want to make 
it pushing of the development of various fields.
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ABSTRACT

This article describes different experimental tests performed on a pneumatic spindle with gas bearings in order
to evaluate its maximum rotational speed and stability. In particular the rotor unbalance response, the power
losses calculated from deceleration tests, the thermal transient due to viscous losses are calculated and analyzed.

KEY WORDS

Pneumatic Spindle, Air Bearings, Feed hole, Thermal transient

INTRODUCTION

These applications are related both to high precision
devices, e.g. for measuring machines, both to high
speed rotating machines, e.g. high speed spindles for
operations of finishing or drilling. During the last fifty
years the use of no contact air bearings in rotating ma-
chines has been the object of interest by part of the
researches in order to obtain bearings that support ro-
tational speeds out of the range of conventional ball
bearings [1].
Limitations on the maximum rotational speed are

represented by centrifugal forces and by the well-know
whirl instability of gas bearings. Nevertheless gas bear-
ings enable to reach higher rotational speeds than rolling
bearings, compared at the same diameter. Focusing

the attention on the high rotational speeds, a broad
spectrum of applications demand the use of gas bear-
ings, in manufacturing industry (high speed machin-
ing, printed circuit boards drilling, micro-milling and
wafer dicing) and not only (high speed compressors
and turbines). In the first case the high speed is aimed
to obtain high quality surface finishing or the correct
tangential cutting speed with micro-tools; in the sec-
ond case it is due to a reduction of the dimensions of
the turbomachines.
The drawbacks of pneumatic bearings can be summa-
rized in the following phenomena: the air-hammer [4],
the unstable whirl [5][6], the relative low damping. All
these problems must be solved to design such systems
and obtain a stable operation of the rotor to contain
its dynamic runout.
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Figure 1: Sketch of the pneumatic spindle.

In this paper, a completely pneumatic spindle (Fig-
ure 1) designed and realized at the Mechanical Depart-
ment of Politecnico di Torino [2] was tested experimen-
tally. The stability of the spindle was verified monitor-
ing the dynamic runout by means of displacement sen-
sors facing the rotor and positioned along perpendicu-
lar radial directions. The bearings air consumption [3]
and the external surface temperature were registered
at different rotating speeds. The air turbine used to
accelerate the rotor was also characterized.
Particular attention was given to the thermal analysis
to evaluate the effects of temperature on the air clear-
ance and prevent any rotor grip.

Figure 2: Prototype pneumatic spindle.

PROTOTYPE AND TEST BENCH

Figure 2 depicts the cross section of rotor (2), which is
sustained by two radial bearings (4) of axial length 100
mm and a double thrust bearing (3) composed by three
rings. The bearings are supplied by means of channels
drilled in the housing (1) and in the three rings of the
thrust bearing. The thrust bearing has inner and outer
radius 49 mm and 79 mm respectively. The thickness
of the central ring defines the axial air gap. The nom-
inal radial and axial clearance are 27 μm and 19 μm
respectively. The rotor is accelerated by a pneumatic
turbine (5) machined on the rotor itself.

Figure 3: Transducers and Data Acquisition system.

The test bench designed to measure the performance
of the pneumatic spindle was endowed of a data acqui-
sition system and of pneumatic supply lines. Displace-
ment capacitive transducers, see Figure 3 are arranged
radially and axially facing the rotor. Four radial trans-
ducers are placed in two planes (close to each bearing)
along X and Y directions. In Figure 3 are represented
the measuring planes on which sensors (1) and (2) are
set on the turbine side and sensors (3) and (4) on the
thrust side. Sensor (5) is set along the axial direction
on the thrust side. The sensors are connected to the
amplifiers (6) and to the signal conditioner (7), whose
analog output is detected by means of the data ac-
quisition system. An optical tachometer (8) is placed
in front of the spindle along the axial direction. The
pulse train signal of the sensor is sent to counters that
calculate the spindle rotational frequency. A series of
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thermocouples type T (9) are disposed on the carter
surface to measure its external temperature distribu-
tion; their signal is amplified by means of amplifier
(10). The temperature of the discharged air is also
measured next to the axial and radial bearings.
The pneumatic system (Figure 10) consists of two sup-
ply lines: one for the turbine and the other for the
bearings. This last is endowed of a 100 l tank with
non-return valves, which is inserted downstream the
pressure regulator. It can be useful in case the supply
line fails to prevent a spindle damage.
The output signal of the displacement transducers is
acquired with a 50 kHz sampling rate. The signals of
two perpendicular sensors are composed in an XY plot
to visualize the spindle orbits on the measuring planes.
In this way the conical and cylindrical modes are vi-
sualized. By means of a FFT algorithm the Fourier
spectrum of the signal is obtained in order to study
the unbalance spindle response and verify the absence
of sub-synchronous whirl. Six thermocouples were set
in correspondence of the following points (see the Fig-
ure 4):
1-turbine housing,
2-air discharge next to the turbine,
3-measuring plane on turbine side,
4-measuring plane on thrust side
5-rotor flange,
6-air discharge next to the thrust bearing.

Figure 4: Thermocouple measuring points.

EXPERIMENTAL ACTIVITY

The experimental activity involved beforehand the mea-
sure of the air gaps, then were carried out:

1) the unbalance spindle response,
2) the bearings air consumption,
3) deceleration tests,
4) temperature tests,
5) the turbine characterization.

The measuring of the rotor and bearings dimensions
was intended to evaluate the radial and axial air clear-
ance, to which the bearing stiffness, the viscous losses
and the spindle stability during operation are very sen-
sitive. The mean values obtained after many dimen-
sional tests are reported in Table 1:

Table 1: Dimension of bearings and air gaps.

Rotor dia. on turbine side 49.454 mm
Rotor dia. on thrust side 49.452 mm

Bushing dia. on turbine side 49.508 mm
Bushing dia. on thrust side 49.507 mm
Radial gap on turbine side 27 μm
Radial gap on thrust side 27 μm
Thickness of spindle flange 11.181 mm
Thickness of central ring 11.218 mm

Axial gap 19 μm

Figure 5: Deceleration test.

To calculate the friction torque, deceleration tests were
carried out. The deceleration was started at 40000 rpm
by closing the spheric valve that intercepts the turbine
supply line. Figure 5 displays the spindle rotational
speed vs time, while Figure 6 plots the torque due to
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viscous losses on bearings, that was obtained as a func-
tion of the rotational speed considering the mass mo-
ment of inertia of the spindle.

Figure 6: Friction viscous torque.

The temperature trends vs time are reported in Fig-
ure 7. They refer to a gauge supply pressure of 5 bar
to the bearings and an initial rotational speed of 40000
rpm. After 110 minutes the spindle was shut down. It
was observed that the temperature increases moving
from the turbine to the thrust bearing, where the tan-
gential speeds are higher. After the spindle shut down
the temperature becomes uniform and begins to de-
crease, with the exception of the turbine housing, that
presents an initial increase of temperature.

Figure 7: Curves of temperature vs. time.

The spindle orbits were measured every 1000 rpm start-
ing from 0 to 42000 rpm. The spindle during opera-
tion suffers from centrifugal expansion; for this reason
its surface approaches to the sensors, that are fixed to
the housing. This displacement is visible in the spindle
orbits show in, Figure 8 and Figure 9.

Figure 8: Spindle orbits measured on the turbine side
plane at different rotational speeds; (a)non filtered, (b)
filtered.

The driving turbine was characterized as a function of
the rotational speed. Its air consumption was mea-
sured with a rotameter and the pressure was detected
at the input and output of the turbine, Figure 10. In
Table 2 it is shown the correspondence between the
air consumption and the supply pressure of the tur-
bine and the steady rotational speed without external
payload. In these conditions it is calculated the power
absorbed by the turbine, that is equal to the power
dissipated.
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Figure 9: Spindle orbits measured on the thrust side
plane at different rotational speeds; (a)non filtered, (b)
filtered.

Table 2: Power Consumption

rpm turbine air gauge press power
flow(l/min)ANR (bar) (kW)

10000 394.66 0.25 0.16
15000 416.65 0.425 0.30
20000 460.54 0.525 0.40
25000 435.60 0.8 0.58
30000 414.32 1.09 0.75
35000 417.10 1.325 0.92
40000 382.82 1.75 1.12

RESULTS

The orbits of the spindle during rotation are plotted

Figure 10: Pneumatic system used to characterize the
driving turbine.

in Figure 8 for the measuring plane on the turbine
side and in Figure 9 for the measuring plane on the
thrust side. The figures compare the original signal
with the signal obtained with a low pass filter. The
dynamic runout is confined under 7 μm. In Figure 11
the amplitudes of the runout measured by the four ra-
dial sensors are plotted against the rotational speed.
The first critical speed is about 35000 rpm. The effect
of centrifugal forces is visible in Figure 12, where the
mean displacement values detected from radial sensors
is plotted against the rotor speed.
In Figure 12 it is represented the displacement the rotor
center around the mean value.

Figure 11: Amplitude displacement.
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Figure 12: Displacement of Y axis around the center
of the orbit (turbine side).

The unbalance response evidences both cylindrical and
conical modes. In Figure 13 and Figure 14 are repre-
sented examples of conical modes at 30000 rpm and
40000 rpm respectively.

Figure 13: Mode of rotation at 30000 (rpm).

The waterfall diagram of Figure 15 shows that the
unbalance response is only synchronous and the sub-
synchronous whirl is absent in the tested range of speed.

Figure 14: Mode of rotation at 40000 (rpm).

Figure 15: Waterfall Diagram.

The temperature of the rotor increase during operation
due to viscous losses in the air gap. It remains in a
safety range in which the spindle can operate for a long
time without problems.

CONCLUSIONS

An experimental activity was developed to evaluate
the performance of a turbo pneumatic spindle with gas
bearings. In synthesis the following conclusions can be
listed:
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• the spindle rotates in stable conditions up to 40000
rpm;

• the spindle temperature in steady conditions at
40000 rpm remains under 75oC and the thermal
effects due to viscous actions do not compromise
the operation of the spindle;

• the friction torque of gas bearings is very low
(around 0.13 Nm at the maximum speed) due to
the low air viscosity.
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STUDY ON OIL FILM CHARACTERISTICS OF SLIPPER WITHIN 
AXIAL PISTON PUMP UNDER DIFFERENT WORKING CONDITION 

Yi Sun, Jihai-Jiang. 

Harbin Institute of Technology, School of Mechtrionics Engineering, China 

ABSTRACT 

In order to accurate master lubrication condition between slipper and swash-plate under practical operation condition, pressure field 
and oil film characteristics of slipper were studied. By analysis motion and force of slipper, establishing mechanics model of it, and 
simulated in  software, variation laws of the film thickness with rotation angle, angle of swash plate, rotational speed and pressing 
force in different position were obtained, The simulation results show that in the range of general working conditions, rotational speed and 
swashplate angle of piston pump will not exceed bearing capacity of oil film, but it will have influence on hydrostatic bearing of slipper if 
exceed certain range, especially rapid change of inertia force because of increasing rotate speed.

KEY WORDS

Slipper, Mathematical model, Oil film 

NOMENCLATURE 

fp :  Vertical component force of high-pressure oil 
from piston that act on the slipper
d1 :  Diameter of the piston 
p  :  Discharge oil pressure.   
ft :  Horizontal force from the spring 
fa :  Precompression force from center-spring 
Z :  Number of the pistons in the pump 
fg :  Horizontal inertia force from single pair of the 
slipper and the piston 

m :  Weight of the single piston pair 
 :  Angle rotating instantaneous. 

f :  The total pressing force 
R2 :  Inner radius of slipper’s sealing region 
R1  :  Outer radius of slipper’s sealing region 

ps :  Pressure of oil groove under the slipper. 
Q :  Leakage from sealing region under the slipper 
Q1 :  The oil flowing into the slipper through damping 
orifice from piston 
h :  Oil film thickness 

 :  Oil viscosity. 
d :  Diameter of damping orifice 
l :  Length of damping orifice. 

INTRODUCTION 

The axial piston pump is widely used in hydraulic systems 
to provide pressure and flow for various machines in 
industry, but there are some several challenging issues 
associated with it, such as conflicts between lubrication 
and wear. The slipper pad and swashplate form a key 
friction pair in the axial piston pump, excessive wear 
between them may significant influences the performance 

534

Proceedings of the 8th JFPS International
Symposium on Fluid Power, OKINAWA 2011

Oct. 25-28, 2011

2C1-1

Copyright © 2011 by JFPS, ISBN 4-931070-08-6



of the pump. Hydrostatic slipper bearing is an effective 
way to maintain a fluid film between slipper pad and swash 
plate that slide against each other, and to thereby mitigate 
direct surface-to-surface contact. 
There have been many publications in hydrostatic slipper 
bearing over the past 30 years, many concerned with 
improving the slipper performance of the piston pumps. 
Most of the work has focused on analyzing the formation 
mechanism of hydrostatic bearing over the slipper [1-4]. 
The effects of slipper spin, tangential velocity, tilt, slipper 
non-flatness, inlet orifice, and conditions for metal to metal 
contact, were investigated in [5-9]. The fluid-film thickness 
between the thrust bearing and the running surface were 
also measured within an actual application, this work was 
conducted under high speed conditions and showed that a 
slightly convex bearing design was required for successful 
operation[10]. A good analytical understanding of slipper 
behaviour in piston pumps is crucial to good design, and a 
large amount of work has been done in this area [11-13]. 
Here we developed a mathematical model that reflected the 
lubrication condition between slipper and swash-plate, and 
the performance of the hydrostatic slipper bearing was 
analyzed through system simulation. 

STRUCTURE AND WORKING PRINCIPLE OF 

HYDROSTATIC BEARING 

The principle of the hydrostatic slipper bearing is shown in 
fig 1. High-pressure oil from piston pass through damping 
orifice and then flow into the slipper groove, thus generate 
the bearing force. The bearing force can balance the 
pressing force which act on the slipper if design reasonable, 
and thus form a certain thickness oil film. The pressing 
force is always changing during the pump operation, but 
because of damping effect, that is damping from throttle 
orifice and damping from gap between the slipper and the 
swashplate which created by the oil film, it ensure the oil 
film will maintain stable with load variation. Consequently, 
reliable fluid lubrication is assured and wearing between 
the slipper and the swashplate can be reduced. 

Fig.1 Structure profile of hydrostatic slipper bearing 

MOVEMENT AND FORCE OF THE SLIPPER 

Because the slipper bears the high-pressure oil and great 
pressing force in the oil discharge port , and severe wear of 
the slipper mainly occurred in this region too, so this paper 
mainly study the state of movement and force of the slipper 
when it in the oil discharge port. 
The motion trajectory of the slipper is shown in fig 2. 
Suppose the swashplate angle is , the radius of distribution 
circle in the cylinder is Rf, if regards oxyz as coordinate 
system, then we can see the trajectory of the slipper  
perpendicular to the direction of axis is a circle, while the 
trajectory in the ' ' 'o y z  plane is a ellipse. If the piston 
rotary as angular velocity , and takes top dead center as 
initial position, then the pump will absorb oil in interval of 
0°~180°, and discharge oil in interval of 180°~360°. 

Fig.2 Motion trajectory of the slipper 

The force received by the slipper can be seen in fig 3, the 
slipper mainly bears component force from piston, spring 
force, inertia force of the piston and hydraulic supporting 
force from oil film. 

Fig.3 Bearing force condition of the slipper 

Vertical component force of high-pressure oil from piston 
that act on the slipper can be expressed as formula (1) 

4
1

4 cosp
df p                (1) 
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Horizontal force from the spring can be written as equation 
(2). 

a
t

ff
Z

                       (2)   

    
Horizontal inertia force from single pair of the slipper and 
the piston can be expressed as formula (3) 

2 tan( ) cos( )g ff m R   (3) 

Then the total pressing force can be written as equation (4). 

cos cos
gt

p

fff f      (4) 

From equation (4) can be seen that the total pressing force 
is constantly changing with rotation angle of the slipper, so 
pressure of oil groove under the slipper is also changing 
constantly, and finally affect the oil film thickness under 
the sipper.  

MATHEMATICAL MODEL OF SLIPPER IN THE 

OIL DISCHARGE PORT 

The hydraulic supporting force of hydrostatic slipper 
bearing is shown in fig 4. 

Fig.4 Hydraulic supporting force under the slipper  

According to the literature [3], the supporting force can be 
written as equation (5) 

1
12

2 2 1

2

ln
2

ln

R

s sR

R
rF R p r p drR

R

2 2
1 2

1

2

( )

2 ln
s

R R pR
R

                 (5) 

According to the hydrostatic bearing theory, supporting 
force should equal to the total pressing force, so pressure of 
oil groove under the slipper can be expressed as formula 
(6)  

1

2
2 2

1 2

2 ln

( )s

R f
Rp

R R
             (6)  

According to hydrodynamic theory, leakage from sealing 
region under the slipper can be expressed as formula (7)  

3

1

2

6 ln

sh pQ R
R

                 (7) 

    
The oil flowing into the slipper through damping orifice 
from piston can be denoted as formula (8)  

4

1 ( )
128 s

dQ p p
l

      (8) 

On the basis of flow rate continuation equation, Q is equal 
to Q1, and then it can be expressed as formula (9) 

34

1

2

( )
128 6 ln

s
s

h pd p p Rl
R

     (9) 

From formula (9) we can obtain relationship between p and
ps , it can be written as formula (10) 

3
4

1 2

1
641

3 ln /

sp
lp h

R R d

      (10) 

Then puts the formula (10) into formula (6), and then 
obtains a new formula (11). 
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2
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31 2
4
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64( ) 1
3 ln /

R f
R p

lR R h
R R d

  (11) 

We can see from formula (11), that once the strcture of 
pump is fixed, several parameters can be determined. If 
suppose  

4
1 2

64 k1
3ln /

l
R R d

,

1

2
2 2

1 2

2 ln
k2

( )

R
R

R R

then we can abtained the formulat as follws 

3k1 1
k2

ph
f

        (12) 

From formula (12) we can see, if the strcture of pump is 
determined, the oil film thickness of slipper can  be 
expressed as the function of p and f, that is to say the oil 
film thickness will be influenced by outside factor in 
operating, such as the load, the inclination angle of the 
swashplate or the rotation speed.  

ANALYSIS ON CHARACTERISTICS OF OIL 

FILM UNDER DIFFERENT WORKING 

CONDITIONS 

From above analysis we can see, hydrostatic bearing is an 
effective way to solve severe wear, while by analysis of oil 
film thickness we can estimate whether or not the 
hydrostatic bearing can be formed.  
Fig 5 shown the oil film thickness of the slipper follow 
with rotation angle, it is obtained based on formula(12). 
The parameter of simulation is shown in table 1, load and 
revolution speed is 12MPa and 1500r/m respectively, and 
inclination angle is 12°. 

Table 1 Main parameters of the slipper pair 

Parameters Nominal 
value Dimension

Oil viscosity 0.073222 Pa·s 
Weight of the single 

piston pair 
85 g

Radius of piston 8.5 mm 
Density of oil 870 kg/ m3

Inner radius of 
sealing region 

14.1 mm

Outer radius of 
sealing region 

21.4 mm

Length of orifice 3.4 mm 
Diameter of orifice 0.8 mm 

Fig.5 Variaton of oil film thickness follow with rotation 
angle 

Because the axial piston pump structure is compact and 
flow state under complex, it is difficult to installation 
measurement device inside the pump, especially to the 
high-speed slipper, it almost impossible to measure flow 
parameters which is continuous variation. Due to the 
limitation of experiment condition, we use experimental 
data in references [10] proved the accuracy of our 
simulation, the references [10] measuring oil film thickness 
of the slipper when the pressure is 12Mpa and rotate speed 
is 1500 rpm, and indicated that “ the average thickness of 
the oil film when the slipper in the oil discharge port is 
about 35um”, this conclusion is conformity with our 
simulation results, it has fully proven the slipper’s 
mechanical model in the oil discharge port this paper 
provides is correct.   
The influence of inclination angle 

From formula(12) we can see that the pressing force act on 
the slipper could be affected by rotation speed of the pump, 
the swashplate angle and the system load, and eventually 
influence the oil film thickness, so it is necessary to 
analyse the oil film of the hydrostatic slipper bearing under 
different conditions. Fig 6 shows variation of the pressing 
force with rotation angle in the oil discharge port under 
different inclination angle. Fig 7 shows variation of the oil 
film thickness with rotation angle corresponding to the 
pressing force in fig 6. 
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Fig.6 Variaton of pressing force follow with rotation angle 
under different inclination angle  

Fig.7 Variaton of oil film thickness follow with rotation 
angle under different inclination angle  

From fig 6 we can see, the generally trend of the pressing 
force increase gradually with rotation angle in the oil 
discharge port, because according to formula (3), the 
inertia force of the slipper and piston is directly 
proportional to square of the rotation speed, and varies 
with the rotation angle, especially in the case of high 
rotation speed, the inertia force increased gradualy in the 
oil discharge port. When the rotation speed and the system 
load keep invariant, the pressing force increases with 
increasing inclination angle, this is consists with 
formula(1), formula (3) and formula (4), in that both the 
pressing force and the inertia force increase with the 
increasing inclination angle. 
From fig 7 we can see, the oil film thickness decrease 
gradually as the pressing force increased, and even reached 
negative when the inclination angle is 17°. The answer is: 
based on the formula (12), the pressing force is 
denominator, while numerator remains unchanged, this 
time their ratio will reduction with increased pressing force, 

when the ratio< 1, the theory value of oil film thickness 
will less than zero. Surely the oil film thickness can not 
reach negative in practice, the simulation results only 
illustrate the pressing force have already overtaken the 
ultimate load that the oil film can endure at the moment, 
that is to say the hydrostatic bearing is difficult to form, 
and the slipper can only operate in redundant pressing 
force condition this time. 
The influence of rotation speed 

From equation (12) can be seen that the rotation speed also 
have an effect on the pressing force and oil film thickness. 
When the inclination angle and the system load remain 
unchanged, variation of the pressing force with rotation 
angle is shown in fig 8. Fig 9 shows variation of the oil 
film thickness with rotation angle corresponding to the 
pressing force in fig 8. 

Fig.8 Variaton of pressing force follow with rotation angle 
under different rotation speed 

Fig.9 Variaton of oil film thickness follow with rotation 
angle under different rotation speed 

We could see from fig 8, though the generally trend of the 
pressing force increase gradually, it decrease with 
increasing rotation speed before the slipper reached 270° 
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when the inclination angle and the system load remain 
unchanged, only after rotating 270°, the pressing force rose 
sharply with rotation angle. Because according to formula 
(3), the inertia force not only proportional to square of the 
rotation speed, but also directly as cosine of rotation angle, 
in interval of 180~270° cosine of rotation angle is negative, 
while it is positive in interval of 270~360°. So when the 
slipper just rotated in the oil discharge port, the inertia 
force decrease as the rotation angle increase, until the 
slipper rotated to 270°, the inertia force increase with the 
rotation angle. 
Fig 9 also shows the oil film thickness decrease as the 
pressing force increase, while it appearance negative when 
the rotation speed reached 3000rpm. This situation is 
similar to the preceding, when the pressing force is more 
than a certain extent, the oil film can not support the 
pressing force, this shows that the oil film can not form this 
time. From above analysis we can see, the inertia force of 
the slipper and piston has a great influence on the oil film, 
especially at high rotation speed. 

CONCLUSION

In this research, the mathematical model that reflected the 
lubrication condition of the hydrostatic slipper bearing is 
presented, through analyzing the characteristics of the oil 
film under different working conditions, some conclusions 
are obtained as follows: 
1. Though bearing capacity of the oil film of the 
hydrostatic slipper can applies to a wide range of working 
condition, it is not infinite, once exceed the extreme, it will 
affec the formation of the oil film, and hydrostatic bearing 
status of the slipper will be destroyed at this time. 
2. When the working conditon remains unchanged, inertial 
force of the slipper and piston is the key factor affecting 
the thickness of the bearing of the oil film, especially in the 
high rotaton speed condtion, the oil film will be greatly 
changed by the inertial force.  
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NOISE CHARACTERISTICS IN SPOOL VALVE WITH 

V-NOTCHES 

 Xin FU Liang LU and Jun ZOU
State Key Laboratory of Fluid Power and Control 

Zhejiang University 
Hangzhou, 310027 China 

ABSTRACT 

Experimental investigations on the noise characteristics in spool valve with v-notches are conducted in this paper. 
Cavitation noise with frequency peak forms when the flow state changes form single phase turbulent to cavitating. The 
peak frequency decreases with the increase of the flowrate. On the other hand, jet flow develops intensely from the 
notches. Self-sustained flow oscillation produces whistling noise with pure tones, which is much more powerful than 
the cavitation noise. The pure tone frequency jumps with the outlet pressure, in each jump range, which has good 
monotonicity with the outlet pressure. 

KEY WORDS  

Cavitation, Self-sustained oscillation, Whistling noise, Frequency peak 

NOMENCLATURE 

x :   throttling opening 
Lh :   length of the salient part of the valve seat 
Ls :   length of the concave part of the valve spool 
L :   notch length 
U :   jet flow velocity 
fp :   peak frequency of the cavitation noise 
fs :   pure tone frequency whistling noise 

INTRODUCTION

In recent years, with the development of the hydraulic 

industry, the noise problem has been addressed with 
much attention for the evaluation of the product quality. 
Throttling valves, usually fixed in the operation cab, the 
noise comes from which affects directly to the 
operators’ comfort and health [1]. It is important to 
make analyses to the noise mechanisms.  
Throttling valves are fluid power components, noises 
from which are mainly the product of the flowing 
process. As we know, the flow will be accelerated when 
getting through the vena contract area, leading the drop 
of the local pressure. Which triggers the nucleus or 
small bubbles develops to form cavitation bubbles. The 
bubbles travel to high pressure region and implode to 
form cavitation noise [2]. From the traditional notion, 
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cavitation noise is considered as the prominent source of 
fluid power acoustics. Literatures on cavitation noise in 
hydraulic components are abundant [3-7]. The 
cavitation noise is based upon on the bubble implosion, 
which is basically taken as a monopole source due to the 
volume changes [8]. The acoustical power usually 
distributes in relatively high frequency range in the 
spectra with one or more frequency peaks [9]. Though 
the frequency peak exists, the cavitation noise is much 
broad in the spectra, which hardly present any whistling 
characteristics.  
In the presenting valves, the whistling noise with pure 
tone frequently occurs, the frequency and intensity of 
which is relatively small and sometime much higher 
compared with the cavitation bubble noise respectively. 
The mechanism can be considered as the flow 
self-sustained oscillation. The phenomenon of which is 
firstly observed by Sondhaus in 1854 with edge-tone 
noise [10]. Any flow configurations with shear-layer 
instability can cause self-sustaining oscillations [11-13], 
which is another important source of flow noise. 
Though the literatures are lot, investigations on the 
valve whistling noise is rarely referred.  
In this paper, the noise induced by the cavitation bubble 
implosion and the flow self-sustained oscillation in 
spool valve with v-notches are mainly investigated. 
Noise from the vibration of valve shell and the flow 
turbulence are out of concern. Frequency peak forms in 
the spectra when the flow state changes form single 
phase turbulent to cavitating. The flow self-sustained 
oscillation exists in both non-cavitating and cavitating 
conditions, the pure tone frequency produced by which 
jumps with the outlet pressure. 

EXPERIMENTAL FACILITY 

The experimental facility is composed by three parts 
(fig 1). Firstly, the hydraulic system, to sustain the flow 
circulation, liquid cooling and up-down stream pressure 
control. Secondly, the data acquisition system, to 
measure the up-down stream pressure, flowrate and 
acceleration. Finally the experimental object, the spool 
valve, with two v-notches symmetrically fixed on the 
spool. Where, x is the throttling opening, Lh is the 
length of the salient part of the valve seat, Ls is the 
length of the concave part of the valve spool, L is the 
length of the valve notch. In this paper, L=5mm, Ls 
=7mm, Lh =4mm or 10.5 mm, x is within the range of 0 
to 5mm. 

Figure 1 Experimental facility 

Fig. 1 (a) provides the profile of the flow configuration 
of the valve. Narrow flow passage of Region A leads the 
acceleration of the local flow speed, the drop the local 
pressure and the inception of cavitation. Jet flow occurs 
at the outlet of the notch, leading the shear-layer 
instability. Something needs to make out is that not any 
kind of notch configuration can produce jet flow. The 
gradually divergent configuration is probably needed. 

CAVITATION NOISE IN V-NOTCHES 

Experimental results prove that the inception of 
cavitation in spool valve with v-notches is relatively 
difficult compared with that of spool valves with 
U-notches, which may be the consequent of the good 
negotiability of the v-notch structure characteristic. On 
the other hand, the level of cavitation noise in v-notches 
is comparatively much higher, which implies that the 
valves with v-notches have more serious problems of 
noise. In order to get good understandings of the 
properties of the cavitation noise, it is necessary to make 
the spectra analysis. In this paper, the acceleration on 
valve wall is detected as the corroborative evidence of 
the noise, for we emphasize mostly on the spectra 
distribution properties.  
For the convenience of comparison, fig. 2 only provides 
the spectra pictures within 10kHz to 18kHz, the 
cavitation noise spectra range. It is obvious to find that 
with the increasie of the flowrate, notable frequency 
peak appears in the curve when cavitation incepts, 
which is produced by the coherent collapse of the 
cavitation bubbles [14]. The spectra curve presents hill 
shapes in cavitating flow states. When the flow goes 
choked, the frequency peak disappear, the spectra curve 
goes flat again. 
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Figure 2 Cavitation noise spectra in spool valve with v-notches (x=1mm, Lh =4mm) 

The value of the peak frequency can be roughly 
estimated by the bubble collapse time [4]. Experimental 
results prove that the peak frequency decreases with the 
increase of the flowrate on cavitating flow conditions, as 
shown in fig.3. 

10 11 12 13

16.0

16.5

17.0

Fr
eq

ue
nc

y 
kH

z

Flowrate L/min

 Lh=4,x=1

24 28 32 36
11

12

13

14

15

 Lh=4,x=2

Fr
eq

ue
nc

y 
kH

z

Flowrate L/min

Figure 3 Peak frequency with the flowrate 

SELF-SUSTAINED OSCILLATION IN 

V-NOTCHES 

U=8.6 m/s 

U=9.6 m/s 

U=11.4 m/s 

U=11.4 m/s 

U=12.6 m/s 

U=12.7 m/s 

U=12.9m/s 

fp

fp

fp

fp

542
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



In most hydraulic cavitation component, the cavitation 
noise plays the main role of the valve noise. In some 
flow configurations, like spool valve with v-notches, the 
flow speed difference between the jet flow from the 
outlet of the notches and the flow in the valve chamber 
leads the shear-layer instability, which magnifies the 
pressure fluctuations forms by the up-stream flow 
contract area (Fig. 1 Region A, ). The noise induced by 

the shear-layer instability sometime is much larger than 
the traditional cavitation noise. In the presenting spool 
valve flow channel, the flow outlet area (Fig. 1 Region B) 
and the spool down steam wall may play the 
hydrodynamic feedback role to the up-stream pressure 
fluctuations, leads highly organized oscillations, which 
could be the reason of the whistling noise with pure 
tones [15].  
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As mentioned in the introductions, literatures on 
shear-layer oscillation noise is abundant, the mechanism 
of this phenomenon is still unclarified. Generally, the 
pure tone frequency is the function of the flow 
configuration and the flow speed.  

Fig. 4 proves the shear-layer oscillation spectra in spool 
valve with v-notches, which exist in both non-cavitating 
(U 9.6 m/s, presenting case) and cavitating flow (U
12.6 m/s, presenting case) conditions. Obvious frequency 
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peak appear in the spectra, which is much narrow 
compared with that of cavitation noise frequency peak, 
leading the noise whistling property. Besides the main 
peak frequency, one or more harmonic frequencies can 
be observed.  
In this paper, the flow in the spool valve may be made an 
analogy with the labial flow model. The initial pressure 
fluctuation occurs in the notch area (Fig.1 Region A), the 
shear-layer instability makes which amplified. Pressure 
fluctuation in the flow outlet area (Fig.1, Region B) plays 
the feedback role. Experiments on the flow velocity, the 
length of the impingement area to the shear separation 
area and the feedback configuration is considered for 
investigation. 
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As shown in Fig.5 and Fig. 6, in any configuration cases, 
the pure tone frequency presents similar jump property 
with the outlet pressure, in each jump range, which has 
good monotonicity with the outlet pressure. The variation 
of the opening x only changes the character length of the 
impingement area to the shear separation area. The 

properties of the pure frequency with outlet pressure 
shows similarity when changes the opening. While the 
variation of Lh leads difference of the frequency trend 
with the outlet pressure. It assumes the variation of Lh 
changes not only the feedback configuration but also the 
character length. 

CONCLUSIONS 

Noise characteristics in spool valve with v-notches are 
investigated in this paper. Because of the jet cavitating 
flow phenomenon within the valve channel, both 
cavitation noise and whistling noise induced by the flow 
self-sustained oscillation can be observed. In spool 
valves with v-notches, the latter type noise plays the 
predominant role for its pure tone and large intensity 
properties.  
With the decrease of the outlet pressure, cavitation noise 
occurs when the flow state changes from turbulent to 
cavitating flow. Frequency peak forms in relatively 
higher spectra range, which decreases with the increase 
of the flowrate. Finally, the frequency peak disappears 
nearly simultaneous when the flow goes choked. 
Whistling noise produced by the flow self-sustained 
oscillation exist in both non-cavitating and cavitating 
flow conditions, which is triggered by the pressure 
fluctuations in the flow contract area, and amplified by 
the shear-layer instability. The hydrodynamic feedback 
leads highly organized oscillations, makes the noise 
whistling with pure tones. 
The pure tone frequency presents jump property with the 
outlet pressure, in each jump range, which has good 
monotonicity with the outlet pressure. It seems that the 
flow configuration influences importantly to the pure 
tone distributions. However, the mechanism of this 
phenomenon is still unclarified, further investigations 
will be conducted. 
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ABSTRACT 
 
Practical performance of high bulk modulus oil was studied. Besides high bulk modulus oil has advantages in pressure 
response and volumetric efficiency of pumps, has an advantage in terms of oil temperature control, because oil 
temperature rise is 20% smaller than that of mineral oil due to large volumetric heat capacity. Since high bulk modulus 
oil has extremely low gas solubility, no air bubble generation occurs even by ultrasonic wave vibration. Therefore high 
bulk modulus oil has an advantage in low pressure hydraulics as well. The new oil has sufficient practical performances, 
such as oxidation stability and anti-wear property. Various new applications of the new oil are promising. 
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INTRODUCTION 
 
 In order to improve performances of hydraulic servo 
systems, we have addressed primary function of 
hydraulic oil, namely transmission of power, and 
developed high bulk modulus oil, of which bulk 
modulus is as high as that of water, successfully [1].  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Bulk modulus vs kinematic viscosity of 
conventional oil and high bulk modulus oil 

 
 
Figure 1 shows bulk modulus of newly synthesized 

oil compared to conventional base oil. 
 The new oil has been verified to have advantages of 
pressure response and pump efficiency because of 
high bulk modulus from the basic experiments [2].  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Result of pressure response experiment 
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Figure 2 shows pressure response time of high bulk 
modulus oil compared to mineral oil. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 3 Result of pump efficiency experiment 
 
Figure 3 shows flow volume of high bulk modulus 

oil compared to mineral oil by pump efficiency 
experiment. 
 
The new oils have also been examined the principle 

of high bulk modulus and low pressure-viscosity 
coefficient [3].  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Prospective exact liquid structure 
obtained by MD simulation 

 
Figure 4 shows prospective exact liquid structure 

which explains principle of high bulk modulus 
compared to conventional synthetic lubricant PAO. 
The new oil has thick liquid structure of which 
benzene rings situate closely each other, on the other 
hand PAO has thin liquid structure of which molecular 
structural regularity is low and molecular free volume 
is big. 
 
Besides above mentioned qualities, extremely low 

gas solubility and low traction coefficient have been 

confirmed in previous studies. This paper describes 
some practical performances of high bulk modulus oil. 
 
 

EXPERIMENTS 
 
A rise in oil temperature during pump test 
When pump efficiency tests of high bulk modulus oil 

and mineral oil were carried out, oil temperatures at 
pump-in and pump-out were measured. Figure 5 
shows oil measurement points of hydraulic circuit for 
pump efficiency test. 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Hydraulic circuit for pump efficiency test 
 
Figure 6 shows results of oil temperature 

measurement. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6 Oil temperature rise at pump-out 
 
 Figure 6 shows temperature rise of the new oil is 
about 21 , on the other hand that of the mineral oil is 
about 26 . The oil temperature rise of the new oil is 
smaller than that of the mineral oil by 20%, which 
comes from about 20% larger volumetric heat capacity 
of the new oil. The new oil can have advantages in 
terms of precise temperature control and reduction of 
energy loss for cooling. 
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Air bubbles generation by vibration 
Even small inclusions of unsolved air, namely air 

bubbles, can have a large effect on system dynamics at 
low pressure. In theory 0.1vol% of air bubble content 
reduces 17% of effective bulk modulus at 1MPa [4]. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 7 Resulting bulk modulus of oil  
with air bubbles [4] 

 
Figure 7 shows large effect on bulk modulus of oil 

with air bubbles under low pressure. 
Accordingly in the case of low pressure hydraulic 

systems, especially hydrostatic bearing in 
ultra-precision machine tools and so on, existing air 
bubbles can deteriorate system performance. Except 
for air bubbles caught in oil, air bubbles generation 
occurs from solved air in oil by vibration. In this case 
low gas solubility in oil is advantage. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 8 Nitrogen gas solubility of high bulk modulus 

oils 
 
 

 Figure 8 shows nitrogen gas solubility of high bulk 
modulus oil and mineral oil, and it says the new fluids 
have extremely low gas solubility compared to mineral 
oil [1].  
 Air bubbles generation was observed by supersonic 
wave vibration given to the air-saturated oils. As a 
result of the test, 7 minutes of supersonic wave 
vibration gave air bubbles generation in the case of 
air-saturated mineral oil, on the other hand no bubble 
generation in the case of air-saturated high bulk 
modulus oil because of extremely low gas solubility.  
 Figure 9 shows result of the air bubble generation test, 
no bubble generation was observed in the new oils. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9 Result of the air bubble generation test 
 
 
Oxidation stability 
Table 1 shows oxidation stability test results of 

experimentally formulated high bulk modulus 
hydraulic oil. Compared to conventional 
biodegradable hydraulic fluid, the new oils have 
sufficient oxidation stability. 
 
Pump wear test 
 Pump wear test was carried out by using vane pump 
V104C (TOKYO KEIKI INC.) under the condition of 
13.7MPa, 65  and 1200rpm. Figure 10 shows wear 
amount after 100hrs and 250hrs compared to 
conventional anti-wear hydraulic oil. Figure 10 says 
the new hydraulic oil has an excellent anti-wear 
property. Figure 11 shows wear track of cam ring. 
Clear wear tracks are observed in that of conventional 
oil, on the other hand little wear track is observed in 
that of the new oil. 
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Figure 10 Wear amount of pump wear test 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 11 Wear track of cam ring 
 
 

SUMMARY 
 

1)  Besides high bulk modulus oil has advantages in 
pressure response and volumetric efficiency of 
pumps, has an advantage in terms of oil temperature 

control, because oil temperature rise is 20% smaller 
than that of mineral oil due to large volumetric heat 
capacity. 

2)  Since high bulk modulus oil has extremely low 
gas solubility, no air bubble generation occurs even 
by ultrasonic wave vibration. Therefore high bulk 
modulus oil has an advantage in low pressure 
hydraulics as well. 

3)  The new oil has sufficient practical performances, 
such as oxidation stability and anti-wear property. 

4)  Various new applications of the new oil are 
promising. 
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ABSTRACT 

This paper describes development of water hydraulic proportional valves. The valves are spool-type and the spool is 
driven by a stepping motor and positive cam mechanism. The cam is always placed between two cam followers and the 
return spring is omitted. The rotational angle of the cam and the displacement of the spool is linear. The experimental 
results of static characteristics are also shown: internal leakage and pressure gain against spool displacement, flow rate 
characteristics with no load and flow rate against load pressure. Although the spool is overlap, the dead band was not 
observed in the flow rate characteristics with no load because of the leakage passing through the clearance around the 
spool. In addition, non-linearity of the spool displacement against the rotational angle of the cam was below 0.2% and 
the hysteresis was hardly observed even though the spool displacement was not feed backed. 

KEY WORDS

Proportional Valve, Positive cam, Water hydraulics 

NOMENCLATURE 

pA : Pressure at port A [Pa] 
pB : Pressure at port B [Pa] 
ps : Supply pressure [Pa] 
pt : Tank pressure [Pa] 
r : Radial distance of cam follower [m] 
x : Spool displacement [m] 

 : Rotational angle of cam [-] 

INTRODUCTION

The proportional valve is a kind of the valve that 
controls the movement of the fluid actuator. The valve 
to control the movement of the spool by the pressure 
difference generated by the nozzle flapper system is 
called a servo valve. The valve to drive the spool 
directly with the electromagnetic proportional solenoid 
is called a proportional valve. Those neither name nor 
structure are clearly defined. In general, the servo valve 
is used for a high-speed, highly accurate control, though 
it is expensive because the structure is comparatively 
complex. The proportional solenoid valve is for use that 
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Spool driver high-speed response like the servo valve is not 
necessary, and is comparatively cheap. As for both types, 
the valves with the wide range of the performance have 
been produced for the oil hydraulics. Some the water 
hydraulic servo valves are marketed, and the research 
example [1-3] and the example of practical use are 
found. The proportional valve with good response is 
preferable for the spread of the water hydraulic system. 
However, the water hydraulic proportional valve in the 
market is only a little kind, and the research examples 
are also few [4, 5]. 

In the spool drive mechanism of the developed valve, 
the rotation of the stepping motor is converted into a 
linear movement with the cam for the spool. The reason 
why these mechanism were adopted are described as 
follows. 
Firstly, the mechanism to obtain the linear motion of the 
spool was examined. The demand in the design is to 
achieve the high-speed response of the stroke of several 
mm with a cheap, small mechanism as much as 
possible. 
To obtain the linear motion of the spool directly from 
electromagnetic force, the following mechanisms 
became candidates. It was judged, however, that neither 
was suitable. 

The response of the proportional solenoid valve is 
inferior compared with the servo valve because the core 
of the solenoid is heavy. For the improvement of the 
response, the proportional valve that drives the spool by 
using a voice coil motor or a linear motor has been 
marketed for the oil hydraulics though it is a relatively 
costly. However, the proportional valve that intends the 
high-speed response is rarely found for water hydraulics 
[6]. 

(1) Electromagnetic proportional solenoid: the core is 
heavy and the high-speed response cannot be 
obtained. 

(2) Linear motor: expensive; suitable for long-stroke. 
(3) Voice coil motor: large-scale. 
(4) Piezoelectric device: the displacement expansion 

mechanism is required; large hysteresis; expensive. 
This paper describes development of water hydraulic 
proportional control valve driven by positive cam 
mechanism and stepping motor. The experimental 
results and one of the applications are also shown. 

Next, to convert from the rational motion of a 
rotation-type motor on the market into the linear motion, 
the following mechanisms became candidates. 

VALVE STRUCTURE (5) Clank mechanism: rotational angle and displace-
ment is not linear. 

(6) Ball-screw: suitable for long-stroke. Figure 1 shows the photograph of the developed valve. 
The internal structure of the valve is shown in Figure 2. 
The mounting surface dimensions agree with ISO code: 
4401-03-02-0-05 and JIS B 8355 code: D-03-02-0-94. 

(7) Cam: suitable for short-stroke and high-speed 
response  

As a result of examining these mechanisms, the 
rotation-type motor and the cam mechanism were 
combined to obtain the linear motion. 
Finally, the kind of the rotation-type motor was 
examined. The AC servo motor is suitable for the use to 
position accurately in the long distance combining with 
the ball screw. However, it was judged that the stepping 
motor was suitable for the usage in which only the half 
rotation of the cam was used. 
Positive cam mechanism 

In a usual cam mechanism, the cam follower is made 
not to part from the cam by pressing it against the cam 
by the return spring. However, because a stiff spring is 
necessary to achieve the high-speed response, useless 
power is consumed to displace the spring. In the 
eccentric disc cam often used, the rotational angle of the 
cam and the displacement of cam follower are nonlinear. 
Therefore, it is required to calculate the rotational angle 
to obtain necessary displacement by trigonometric 
function, and the load of the controller becomes larger. 

Figure 1  Photograph of the developed valve 

Then, the present study employed a positive cam 
mechanism, in which the cam is always placed between 
two cam followers. As a result, the return spring is 
omitted and hysteresis is excluded. In addition, the 
rotational angle to obtain necessary displacement is 
computable with a simple linear equation because the 
cam shape is provided as the rotational angle of the cam Figure 2  Structure of the developed valve 
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and the displacement of cam follower becomes 
completely linear. 
The cam shape becomes the envelope curve of the end 
mill for machining as shown in Figure 3. When the 
diameter of the end mill is different from the cam 
follower, the calculation of center tracks of the end mill 
becomes complex. However, when their diameters are 
identical, the cam follower's displacement against the 
rotational angle of the cam can be specified directly. 
As for the cam profile adopted in the present study, the 
cam follower's displacement to the rotational angle of 
the cam was made to become to 25 m/deg. The center 
tracks of the end mill of the same diameter with the cam 
follower is given by equation (1) in which the base 
circle radius is 9 mm. 

[mm] 9 0.025 ( 180 180 )r  (1) 

As a result, the displacement of ±2 mm is obtained for 
the rotational angle of ±80 deg. Because the basic step 
angle of the stepping motor used is 1.8 deg, the 
resolution of displacement is 45 m/pulse. The step 
angle can be divided into 16 by the motor driver's 
setting. In this case, the resolution of displacement 
becomes about 3 m/pulse. The stroke and the 
resolution of the spool displacement can be easily 
changed by the cam profile and the specification of the 
stepping motor. 

Figure 3  Cam profile and positive cam mechanism 

CONTROL OF MOTOR 

As for the stepping motor, the given pulse number is 
proportional to the rotational angle. Therefore, if the 
origin of the spool position has been surely detected, the 
feedback of the spool displacement is unnecessary. 
However, it decided to detect the spool displacement 
and feed backed because there was a possibility of the 
step out by disturbance. Moreover, as shown in Figure 4, 
the voltage from variable resistance is added to the 
targeted value of the spool position to fine-tune the 
neutral position. 
The driver of the stepping motor is a marketed 
commodity. The microcomputer named Arduino was 
used as a controller to generate the pulse to the motor 
driver. The Arduino is an open-source electronics 

prototyping platform based on flexible, easy-to-use 
hardware and software [7]. The microcontroller on the 
board is programmed using the Arduino programming 
language and the Arduino development environment.  
To make the algorithm in the controller general, the 
rotational direction of the motor was decided according 
to the sign of the difference between the present value 
and the targeted value, and only one pulse was output. It 
is possible to make the motor work with stability though 
the response is slow because the A/D conversion and 
leveling for the noise removal are done whenever one 
pulse is output. 
Figure 5 shows one example of the step response of the 
motor angle. The overshoot is not observed and there is 
not a vibration after settling though it takes about 0.1 
seconds to settle.  
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Figure 4  Block diagram 
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Figure 5  Step response of motor with controller 

STATIC CHARACTERISTICS OF  

CAM MECHANISM 

First of all, the displacement sensor for the spool was 
calibrated. The spool displacement to the rotational 
angle of the stepping motor was measured by using the 
result. The resolution of the step angle was set to 1/4 
(0.45 deg) of the basic step angle. The pulse number and 
the rotational angle of the motor were assumed to be 
proportional. 
Figure 6 shows the result of the measurement. (b) shows 
the nonlinearity to full-scale (4 mm). The nonlinearity is 
almost a range of ±0.1% over the whole stroke though it 

552
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



increases to about 0.2% on the stroke ends. Moreover, 
the hysteresis is within 0.1%, and almost negligible. 
Therefore, the positive cam mechanism adopted in the 
present study has very excellent linearity. 

M

M
pA

pB

MM

MM
pA

pB

-90 -60 -30 0 30 60 90

Sp
oo

l d
is

pl
ac

em
en

t [
m

m
]

Motor angle [deg]

Figure 7  Experimental setup 

First of all, the pressure gain characteristic is shown in 
Figure 8. (b) is the expansion of the neutral position 
neighborhood. The neutral position was slightly shifted  
because it doesn't feed back the spool displacement to 
the rotational angle of the motor. However, the pressure 
gain of the neutral position neighborhood was almost 
linear and symmetric. 
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Figure 6  Static characteristics of positive cam 
mechanism 

STATIC CHARACTERISTICS OF VALVE 

This chapter shows the experimental results of the static 
characteristics of the valve. Figure 7 shows the 
schematics of experimental setup for the measurement. 
The supply pressure was set to 3.5 MPa with the 
pressure relief valve that authors had developed [8]. The 
all flow rate was measured with the flow meter of the 
turbine type. Two kinds of flow meters with different 
measurement range were switched according to the 
amount of flow rate. 

(b) Nearby neutral position 

Figure 8  Pressure gain characteristics 

Next, the internal leakage characteristic is shown in 
Figure 9. The reason to show unnatural behavior to the 
displacement of the spool is circumferential grooves on 
the spool and the asymmetric diversity of the clearance 
between the spool and sleeve.  
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APPLICATION 
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As an example of applying the water hydraulic 
proportional valve developed in the present study, the 
water hydrostatic bearing was actively controlled to 
improve the support stiffness. Figure 12 shows the 
schematic drawing of the hydrostatic support 
mechanism. The pressures supplied to the hydrostatic 
bearings confronting the supporting plate are controlled 
with the proportional valve. 
Vertical both control pressures are equal when the spool 
is at a neutral position. When the spool is displaced, the 
amount of the overlap changes, and this part functions 
as variable restrictors. 

Figure 9  Internal leakage 

When a downward load is impressed to the supporting 
plate, the supporting plate is displaced below. Then, the 
spool is displaced below, and the recess pressure of the 
lower hydrostatic bearing increases, thus the 
displacement of the supporting plate can be returned to 
zero. That is, displacement can be adjusted to zero 
regardless of the amount of the load, and the support 
stiffness can be made infinity. 

Figure 10 shows the flow rate characteristic with no 
load. Although the spool is overlap within the range of 
±0.1 mm for the decrease of the internal leakage, the 
dead band was not observed. This is because a radial 
clearance was large. 
Finally, the flowing rate characteristic with load is 
shown in Figure 11. Flow rate doesn't increase so much 
when the spool displacement becomes 1.5 mm or more. 
This is because the part of smaller diameter of the spool 
is too large, and the passage area of the fluid was not 
enough. 
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Figure 12  Active control of displacement of 
hydrostatic support 

Figure 10  Flow rate characteristic with no load 

Figure 13 shows the change in control pressure pA and 
pB supplied into the hydrostatic bearing to the spool 
displacement. The control pressure pA to the upside 
hydrostatic bearing decreases as the spool is displaced, 
and the lower pressure pB increases. Therefore, the 
pressure difference between upper and lower sides 
increases, and the load capacity increases. 
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Figure 14 shows the experimental results of the 
displacement of the supporting plate to the load. When 
the supply pressure is not controlled to the hydrostatic 
bearing, the displacement of about 4 m has been 
generated for the load of 400 N. However, the 
displacement was able to be adjusted to almost zero by 
actively controlling the supply pressure to the 
hydrostatic bearings. 

Figure 11  Flow rate characteristic with load 
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CONCLUSIONS 

The prototype of water hydraulic proportional valve that 
the spool is driven by the stepping motor and positive 
cam mechanism is developed. the experimental results 
of the valve are measured: internal leakage and pressure 
gain against spool displacement, flow rate characteris-
tics with no load and flow rate against load pressure. 
Although the spool is overlap, the dead band was not 
observed in the flow rate characteristics with no load 
because of the leakage passing through the clearance 
around the spool. In addition, non-linearity of the spool 
displacement against the rotational angle of the cam was 
below 0.2% and the hysteresis was hardly observed 
even though the spool displacement was not feed 
backed. 
As an application example, the water hydrostatic 
bearing was actively controlled to improve the support 
stiffness. keeping zero-displacement was achieved to 
some degree of the load; the support stiffness was able 
to be made infinity. 
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ABSTRACT

One of the most important components for Seawater Reverse Osmosis Desalination (SWRO) system is the high
pressure pump. The axial piston pump based on water hydraulics technology can be developed as a high pressure pump
in small and medium scale SWRO system. To reduce the cost in the development process, a comprehensive simulation
for the pump is critical to evaluate its mechanical characteristics and hydraulic performance before the prototype is
made. In this paper, mechanics simulation tools such as ADAMS, and ANSYS were used to evaluate the kinematics and
dynamics characters, stress and strain of critical components of the pump, and hydraulic simulation tool such as
AMESim was used to evaluate the pressure of the cylinder. In conjunction with these simulation tools, the
co-simulation of the pump provided an accurate estimation of the kinematics, main parts loading, hydraulic flow and
pressure of the pump.

KEY WORDS

Axial Piston Pump, Sea Water Desalination, Simulation

NOMENCLATURE

PF∑
uuv

: total force acting on the piston [N] 
SN

uuuv
: reacting force of the slipper acting on the piston [N]

CN
uuuv

: reacting force of the cylinder bush acting on the
piston [N] 

Cf
uuv : friction force of the cylinder bush acting on the

piston [N] 
Pm : mass of the piston [kg]

PP
uuv : hydraulic force acting on the piston [N]

ra
uuv : component of piston acceleration in r direction [m/s2]

za
uuv : component of piston acceleration in z direction [m/s2]

0PV : dead volume of a single cylinder chamber [m3]
PA : pressurized area of a single piston [m 2]

R : piston pitch radius [m]
iθ : circular position of the piston [rad]

α : swash plate angle [rad]
ω : angular speed of the cylinder of the pump [rad/s]

,I OA : orifice area of the cylinder chamber connected with
portplate [m/s2]
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,I Op : the intake/output pressure at the port plate [Pa] 

ρ : density of seawater [kg/m3]

dC : throttling coefficient [-]
B : bulk modulus of seawater [Pa]

PLiQ : leakage flow from the clearance of the piston and
the cylinder bush [m3/s]

INTRODUCTION

It is well-known that seawater desalination is an
important technique for getting fresh water from sea.
Compared to other methods, the reverse osmosis process
is an energy-saving technology in seawater desalination
projects. [1, 2] One of the most important components in
Sea Water Reverse Osmosis (SWRO) desalination
system is the high pressure pump. Compared with
reciprocating pump and centrifugal pump, the axial
piston pump based on water hydraulics technology has
remarkable virtues such as high efficiency, low noise and
small size. So this type pumps can be developed as high
pressure pumps for small and medium scale SWRO
desalination projects. Commercial products such as
DANFOSS APP series [3] now are available in the
markets of China. In order to develop domestic axial
piston pumps for SWRO and reduce the cost in the
development process, a comprehensive simulation for
the pump is critical to evaluate its mechanical
characteristics and hydraulic performance before the
prototype is made.
With the development of simulation technology, the
so-called Virtual Prototype Technology (VPT) was used
to comprehensive simulate the main characters of oil
hydraulic piston pumps. [4-7] But for water hydraulic
piston pumps, simulation studies were rarely reported in
literatures. Because the working fluid and materials of
the axial piston pump for SWRO are quite different from
that of oil pump, it is meaningful to simulate the pump
for SWRO based on VPT technology.

STRUCTURE AND SOLID MODELING

At present, the maximum flow of axial piston pump can
not be compared to multi-stage centrifugal pump and
even can not be compared to reciprocating pump, so
multi-stage centrifugal pumps’ status in large-scale
SWRO projects are still irreplaceable. The high-pressure
pump which is axial piston structure should depend on
its small size, high efficiency, low noise, all water
lubrication and other advantages, and compete with
multi-stage centrifugal pumps and reciprocating pumps
in small and medium scale SWRO desalination projects.
So its application is mainly targeted at the SWRO
desalination projects of which the water production is
about 120 ~ 150 m3/d. The general anti-osmotic pressure

in SWRO system is about 5.5 ~ 8MPa. For these reasons,
the main technical parameters of the pump are showed in
Table 1. 

Table 1 Main technical parameters of the pump

Rated pressure [MPa] 8.0

Maximum pressure [MPa] 10.0

Nominal displacement [mL/r] 80

Rated speed [rev/min] 1500

Figure 1 The structure of the pump

The structure of the pump for SWRO is shown in Fig. 1.
The pump is base on axial piston principle. When the
main shaft drives the cylinder to rotate, the structure can
make the plungers for reciprocating movement along the
cylinder axis. With the action of port plate, the water
flow can be continually sucked from the inlet and
discharged at the outlet. Compared with other structure,
the pump using port plate as its flow distribution
mechanism can have a better self-priming ability, can run
at higher speeds. All this can make a result in a smaller
size for a larger flow. The pump is lubricated by water
directly, so the materials of port plate pairs, slipper pairs,
piston pairs and ball joints are surface treated stainless
steel and engineering plastic. Due to the restrictions of
current development level of water-lubricated bearing,
the pump is so called “half-axle” structure and only one
engineering plastic bearing is adopted to support the
cylinder-pistons group. The plate at the end of the
cylinder is floating installed and has certain "flexibility".
The floating plate under the action of the spring can
contact with the port plate well, thereby this structure can
reduce the internal leakage and improve volumetric
efficiency. The pump’s shaft seal is different from the oil
one which widely used lip seal and it adopted
mechanical seal structure, so the housing of the pump
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can withstand greater pressure. The pump parts
(including housing) are made of high quality stainless
steel and engineering plastics, have excellent resistance
to seawater corrosion and long service life. 
The geometrical characters of the main parts of the pump
are complicated and many parts are manufactured with
different materials. In order to acquire the accurate data

of the geometrical and inertial characters of the pump,
the solid model of the pump was created by Pro/Engineer.
After solid modeling in Pro/Engineer, the centers of
gravity, masses, moments of inertia of the main moving
parts can be automatic generated. Table 2 presents the
main inertia information of the moving parts of the pump
for simulation.

Table 2 Inertia information of the pump ’s main moving parts

Moment of inertia
Main parts Mass

[kg] Ixx
[kg·m3]

Iyy
[kg·m3]

Izz
[kg·m3]

Ixy
[kg·m3]

Izx
[kg·m3]

Iyz
[kg·m3]

Main shaft 1.218 1.751×10-4 3.069×10-3 3.065×10-3 0 3.661×10-5 0
Cylinder group 6.341 1.573×10-2 1.332×10-2 1.332×10-2 4.989×10-7 1.897×10-6 -7.457×10-6

Single piston 0.136 7.843×10-5 7.843×10-5 1.133×10-5 0 0 0
Single slipper 0.036 2.587×10-6 2.587×10-6 3.437×10-6 0 0 0
`Floating plate 0.851 8.511×10-4 8.516×10-4 1.673×10-3 0 0 6.121×10-8

MECHANCIAL MODEL

In order to seamlessly export the solid model files of the
pump of Pro/Engineer to ADAMS, an ADAMS module
named as Mech/Pro in Pro/Engineer environment was
used to do this. In the environment of Mech/Pro and
Pro/Engineer, the rigid bodies of moving parts of the
pump were created and other all fixed parts such as

swash plate, port plate, housing with the cylinder slide
bearing were created as a ground. Different types of
joints were used between the moving and fixed parts,
such as cylindrical joints, fixed joints, planar joints and
spherical joints. After this, the model can be transport
from Pro/Engineer to ADAMS. Figure 2 presents the
models of the pump in Pro/Engineer and in ADAMS
respectively. Table 3 illustrates the joints between the
moving and fixed parts.

Figure 2 The solid model of the pump in Pro/Engineer and in ADAMS

Table 2 Joints between moving and fixed parts

Parts of the pump Ground Main shaft Cylinder group Single piston Single slipper Valve plate 
Ground - Cylindrical Cylindrical - - Planar

Main shaft Cylindrical - Fixed - - -
Cylinder group Cylindrical Fixed - Cylindrical - Cylindrical
Single piston - - Cylindrical - Spherical -
Single slipper - - - Spherical - -
Floating plate Planar - Cylindrical - - -

Pro/Engineer

ADAMS

Mech/Pro

558
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



For the body of one piston, shown in Figure 3, the
instantaneous force on the piston is given by:

( )P S C P C P z rF N N P f m a aΣ = + + + = +
uuv uuuv uuuv uuv uuv uuv uuv

(1)

From Eq.(1) and Figure 3, we can know that the force
acting on the piston is due to the geometry structure of

the pump, the rotation velocity and the hydraulic
pressure in the cylinder. The forces on other parts, such
as slippers, cylinder, valve plate, and main shaft, have
the similar mechanical characters. For these reasons, the
accurate profile of cylinder pressure is necessary for the
mechanical model.

Figure 3 Diagram of the piston with instantaneous force

HYDRAULIC MODEL

Figure 3 also showed the sectioned view of the one
piston within the cylinder block as it operates within the
pump. From the kinematics and geometrical character of
the pump, the volume of a single cylinder chamber Vci is
given by

0 (1 cos ) tanPi P P iV V A R θ α= + + (2)

If i represent the sequence number of the piston from the
up dead point and the pump has N pistons, we can get

2( 1)i t i
N
π

θ ω= + − (3)

Because of the low viscosity of the seawater, a high
Reynolds number tends to characterize the seawater flow
in and out of the cylinder chamber. This flow Qi may be
modeled using an orifice pressure-flow equation, and this
result is given by

, , ,
2 sgn( )Pi d I O Pi I O Pi I OQ C A p p p p
ρ

= − − (4)

Figure 4 presents two kidney ports connected to the
suction and delivery volumes and two silencing grooves

that allow the cylinder to pass smoothly from inlet to
delivery. The areas of the variable orifices Ai and Ao
depend on the position of the cylinder block with respect 
to the port plate. The pressure of the cylinder chamber
varies with time to account for the periodicity change
from the output pressure to the intake pressure. The
intake pressure can set to be as the value of the inlet
pressure of the pump, and the output pressure can be
controlled by an orifice.
Considering the continuity equation and ignoring the
leakage of the cylinder, the dynamic pressure of each
cylinder chamber is determined for the cylinder volume,
so one can obtain

d d
d d

Pi Pi
Pi PLi

i

p VB Q Q
t V t

⎛ ⎞
= − −⎜ ⎟

⎝ ⎠
(5)

and

Pi pP p A=
uv (6)

According the principle represented by Eq. (2) - Eq. (5),
the AMESim model which simulate the dynamic
pressure of the cylinder chamber can be constructed.
Figure 5 presented the schematic of the model in
AMESim environment.

x

y y

z
o o

ω

fs

Ns
PazfZ

Nc

Nc

az

Cylinder

Slipper

θi

R

Piston

Floating plalte

559
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



Figure 4 Diagram of the piston with instantaneous force

Figure 5 The hydraulic model of the pump in AMESim

From Figure 5, we can see that the pressure at the
pump’s outlet is due to the variable orifice. The rotation
velocity of the cylinder is due to the output of the pump’s
mechanical model in ADAMS, and the hydraulic force
acting on the piston will be calculated and transfer to
ADAMS. These data exchanging process is implemented
by the interface module in AMESim.

FEM MODEL

In order to analyze the stress and deformation of the
main parts such as pistons and main shaft, the rigid
bodies of these parts have to be made to be flexible. This
work can be implemented by the interface between
ADAMS and ANSYS. The models of the parts in
Pro/Engineer can seamlessly transfer to ANSYS without
geometrical error. After the elements type, materials ’
properties, tagged point, rigid region and meshing
method were set in ANSYS environment, the FEM
models of the main parts such as the piston and main
shaft would be generated and could be exported as MNF
files. In ADAMS environment the rigid bodies of the
pistons and main shaft were replaced by these FEM
models, and the models of pistons, main shaft were
flexible. By this method, the mechanical model of the
pump in ADAMS was created as a mixture model with
rigid and flexible bodies.
Figure 6 presented the FEM model of the pistons and
main shaft in ANSYS. Figure 7 presented the rigid model
and the rigid-flexible mixture model in ADAMS
respectively.

Interface module between
ADAMS and AMESim

Delivery port 

Silencing groove 

Suction port

Cylinder slot
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Figure 6 FEM models of the piston and main shaft in ANSYS

Figure 7 Models of main parts of the pump in ADAMS

CO-SIMULATION RESULTS

The co-simulation model of the pump was run in
ADAMS environment with the communication between
AMESim. Many simulation results can be acquired.

Figure 8 Angular velocities of the cylinder and the motor 

Figure 8 presented the curves of angular velocities of the
cylinder and the motor. The motor is a idealized driver
which can keep a constant angular velocity at 1500rpm.
We can see that the angular velocity of the cylinder have
an overshoot at the initial time and will be stable after
0.005s. The reason for this phenomenon is that the main
shaft model is flexible and its stiffness is finite.

Figure 9 Velocity and acceleration of one piston in z
direction

Rigid model
Rigid-flexible mixture model

ANSYS

Rigid region

Flexible region
Flexible region

Rigid region
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Figure 9 showed the velocity and acceleration of the
center gravity on one piston in z direction. The piston
and main shaft models are flexible, so the kinematic
characters are obviously different. The acceleration curve
has many high-frequency ripple and the velocity curve is
not a strict sinusoid.

Figure 10 Hydraulic and inertia force in z direction
acting on one piston

Figure 10 presented hydraulic and inertia force
components in z direction acting on one piston. The red
curve represented the sum of hydraulic force and inertia
force, and the blue represented the hydraulic force. The
inertia force can be omitted when it compared with the
hydraulic force.

Figure 11 Driving torque on the main shaft

Figure 11 presented driving torque on the main shaft.
The initial torque is about 2 order magnitude of the
stable driving torque, the reason is that the driving motor
is idealized and the main shaft is flexible.

Figure 12 presented the flow rate and pressure at on the
outlet of the pump, these curves have similar trend.

Figure 12 Pressure and flow rate at the outlet 

Figure 12 Von Mise stress of the flexile body

Figure 12 presented the Von Mise stress of the flexile
body at 0.0003s and 0.0422s. From the simulation results,
the maximum Von Mise stress of the piston was occurred
at 0.0002s and the value is 587.121 MPa. The maximum
Von Mise stress of the main shaft was occurred at
t=0.003s and the value is 429.401 MPa. But when the
rotation velocity of the pump is stable, the value of

t=0.0003s

t=0.0422s
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maximum stress is sharply decreased. The maximum Von
Mise stress of the piston was 209.318 MPa and the
danger point was on its neck. The maximum Von Mise
stress of the main shaft was only 82.322 MPa.

CONCLUSION

This article illustrated the co-simulation process of an
axial piston pump for SWRO. With the mechanical and
hydraulic simulation tools such as ADAMS, ANSYS and
AMESim, the kinematics and dynamics characters of the
pump, stress and strain of critical components, the
hydraulic characters such as the flow rate and pressure
can were acquired. The results would benefit the
improvement and optimal design of the pump.
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ABSTRACT

The water driven stage is developed for ultra-precision machine tool, especially for machining small parts in size, such 
as optical mirrors and lenses. The water driven stage is composed of the water hydrostatic bearings and the water 
hydraulic piston mechanism. In order to finish fine diamond turned surfaces, it is needed to maintain the speed of the 
stage during machining processes. The speed of the water driven stage can be controlled by the supplied flow rate into 
the piston-cylinder. In this paper, mathematical models of the water driven stage and the flow control valve are first 
derived. The derived mathematical models are verified through experiments and calculation. A conventional feedback 
controller is then designed based on the derived mathematical models. The feedback control system represented by the 
second-order system is then introduced. Performances of the designed feedback control system are studied through 
experiments and simulations.

KEYWORD

Precision machine tools, Water hydrostatic bearing, Water hydraulics,
Feedback control system, Single-point diamond turning

NOMENCLATURE

A: area of piston [880 mm2]
Ab1,b2: area of piston
Ap1,p2: area of piston
a: height of piston [8 mm]
b: size of piston [110 mm]
cc: coefficient of viscous friction due to water viscosity
cv: coefficient of discharge
D: diameter of valve [1 mm]
e: thickness of plate [3 mm]

Fc: cutting force
hb1~4: gap of bearing
hp1~5: gap of piston
Ks: characteristic of water driven stage
kp: characteristic of pressure-flow rate of valve
ku: characteristic of voltage-flow rate of valve
K1: feedback gain
K2: feedback gain
L: size of piston [8 mm]
M: mass of table [15 kg]
pc: downstream pressure of valve
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pc0: downstream pressure of valve
ps: supplied pressure of valve
p1,2: pressure in cylinder room
ql: leakage flow rate of cylinder-piston
qp: supplied water flow rate
R: flow resistance of gap between piston and cylinder
Tc: time constant of the stage
Tc : time constant
u: input voltage of valve
u0: input voltage of valve
v : speed of stage
vd: desired speed
xv: displacement of valve

: viscosity of water [1.02×10-3 Pa s]
: density of water [0.998×103 kg/m3]

INTRODUCTION

The ultra-precision machine tools are essential for machining 
precision parts such as various lenses and mirrors. There are 
increasing demands for improving machining accuracy of the 
ultra precision machine tools[1]. One of the important 
components of the machine tools is the stage of the machine tool.
For achieving precise machining accuracy, the precise linear
motion of the stage is inevitable. Hydrostatic bearings are 
effective to achieve precise motion of the stage. Therefore, the
hydrostatic bearings have been studied and used for the 
ultra-precision machine tools. In general, the tables supported by 
hydrostatic oil or air bearings are generally used in the 
ultra-precision machine tools.
However, the air pressurized bearing has low bearing stiffness
due to the compressibility of air. Contrarily, the oil hydrostatic 
bearings are disadvantage in the positioning accuracy as well as 
the thermal stability, because of its higher viscosity. Water is the
incompressible fluid unlike air, and water has less viscosity than 
oil. It is thus considered that the water hydrostatic bearing is 
advantageous in order to design the hydrostatic bearing with 
higher stiffness, compared to the air pressurized bearing. In 
addition, low viscosity of water is effective to give precise linear 
motion and reduce the heat generation compared to the oil 
hydrostatic bearings. The machine tool stage with water 
hydrostatic bearings have thus been reported[2],[3]. These 
machine tools used a liner-motor[2] or belt driven mechanism[3].
In contrast, we developed the water driven stage[4] that is 
composed of the water hydrostatic bearings and a water 
hydraulic piston and cylinder. Because of the piston cylinder 

designed in the moving table, we could successfully design the 
stage so that the driving force can act at the center of gravity of 
the moving table.
The water driven stage was developed for ultra-precision 
machine tool. In this case, the speed of the stage must be 
controlled in order to obtaining fine finishing surfaces. In
general, in the ultra-precision machining by a single-point 
diamond cutting tool, it is noted that the feed rate is quite low 
and it is about 10-20 m/rev[5]. Thus, the paper deals with the 
design of speed control system for the water driven stage. In this 
paper, the mathematical model of the water driven stage is first 
derived. A conventional PI controller is then designed based on 
the derived mathematical model. Performance of the designed 
feedback control system is studied through experiments and 
simulations.

WATER DRIVEN STAGE

The structure of water driven stage[4] is shown in Fig. 1. The 
guide-way of the water driven stage is fixed on the base, 
consequently the table of the stage is moved by the driving 
forces generated by the pressure difference of the piston and 
cylinder. It should be mentioned that the piston has a rectangular 
shape as shown in Fig. 2. A feature of the stage is that the 
hydraulic piston and cylinder is fabricated inside a moving table 
of the stage. Because of the structure of the stage, no additional 
components, such as an electric motor and a ball screw, are 
needed. In general, the additional components degrade the linear 
motion accuracy of stage. Another feature of the stage is that the 
stage has a symmetrical structure. Particularly, the pressures in
the upper and bottom cylinder rooms can be cancelled because
both cylinder rooms are connected by vertically fabricated flow 
channel in the guide-way. Accordingly, the driving force acts on 
the center of gravity of the moving table as illustrated in Fig. 3, 
minimizing undesirable pitching and yawing motions. It is 
therefore expected that the water driven stage achieves precise 
straightness motion.

Fig. 1  Schematic drawing of water driven stage
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(piston)
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Supply port (bearing)
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Fig. 2  3D model of guide-way of water driven stage

Fig. 3  Resultant driving force

MODEL OF WATER DRIVEN STAGE

The equation of motion of the water driven stage is given by Eq. 
(1). 

1 2( )c c
dvM c v A p p F
dt

(1)

The relationship between the pressure difference and the 
leakage flow rate of the piston and cylinder is given by Eq. (2). 

1 2 lp p q R (2)

It is considered that the compressibility of water in the stage is 
negligibly small. Thus, the continuity equation gives the speed 
of table and the flow rate as Eq. (3).

p lAv q q (3)

By substituting Eq. (2) and Eq. (3) into Eq. (1), the equation of 
motion of the stage can be given by Eq. (4). 

2 2
c

c p
c c

Fdv ART v q
dt c A R c A R

(4)

In Eq. (4), the time constant of the stage is given by Eq. 
(5).

2c
c

MT
c A R

(5)

In Eq. (1) ~ Eq. (5), the flow resistance, R, of the gaps between 
the piston and cylinder is given by Eq. (6). 

3 3 3 3 3
1 2 3 4 5

12
2 4p p p p p

LR
b h h a h h eh

(6)

The coefficient of viscous friction due to water viscosity is given 
by Eq. (7).

1 2
1 2 3 4

1 1 1 1
c p p

p p p p

c A A
h h h h

1 2
1 2 3 4

1 1 1 14 2b b
b b b b

A A
h h h h

(7)

EXPERIMENTAL SETUP

An experimental set up of the water driven stage is shown in Fig. 
4. As shown in Fig. 4, the speed of the stage is measured by a
laser interferometer with 0.6 m resolutions. The signal of the 
sensor is fed into a PC. Proportional flow control valves,
described later, are used to control the flow rate in the designed 
feedback control system. The proportional control valve is 
controlled by input voltage by the PC. The temperature of water 
is controlled by a temperature control unit that connected to the 
water tank. The temperature during experiments was controlled 
to be 20 21 degrees Celsius.

Fig. 4 Structure of control system of water driven stage
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SPEED OF WATER DRIVEN STAGE

The supplied flow rate into the water driven stage can control
the speed of stage, as represented by Eq. (4). The displacenment 
of the stage was studied through experiments and calculation for 
various flow rate from 20 mL/min to 50 mL/min, as shown in 
Fig. 5. In addition, the relationship between the speed of stage 
and the supplied flow rate is shown in Fig. 6.
The displacements obtained by the derived mathematical model 
agree with the experimental results until 15 seconds. It is 
however observed that the speed obviously changed afterward, 
due to slight difference of the gap between the table and other 
factors. This implies that a feedback control mechanism should 
be added to maintain the speed of stage.

Fig. 5 Stage displacement vs. time

Figure 6 represents the speed of the stage for various supply 
flow rate from 20 mL/min to 100 mL/min. It is clearly observed 
that measured speed in the lower flow rate less than 40 mL/min 
becomes lower than the calculations. This is mainly due to a 
difficulty of controlling lower flow rate. In addition, geometrical 
errors of the gap between the cylinder and piston affect the 
speed of table. It is however verified that the table speed 
calculated by the derived mathematical model has a same 
tendency with the experimental results.
In general, the feed rate is about several tens micrometer per 
revolution of the spindle in the single-point diamond turning. If 
the rotational speed of the spindle is 3,000 min-1, the required 
speeds of stage become about 1.0 mm/s. Thus the required 
speed for the diamond turning can be obtained by supplying 
water of several tens milliliter per minutes.

Fig. 6 Speed of stage vs. flow rate

SPEED CONTROL SYSTEM OF 

WATER DRIVEN STAGE

In order to control the flow rate into the water driven stage,
proportional flow control valves were used in this study, a 
structure of the valve is illustrated in Fig. 7. The proportional 
control valve is a solenoid flow control valve. The orifice 
diameter of valve is 1 mm, and the valve-opening area is 0.33 
mm2. The rated flow rate is 0.55 L/min at the input voltage of 
the valve is 10 V. For designing a feedback control system, the 
pressure-flow characteristic of the valve given by Eq. (8) is 
linearized as Eq. (9).

Fig. 7 Structure of proportional control valve
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p u p cq k u k p (9)

In Eq. (8) and Eq. (9), the coefficients ku and kp are given by Eq.
(10) and Eq. (11), respectively.

02( )s c
u v

p p
k k (10)

0

02 ( )
v

p
s c

k u
k

p p
(11)

EXPERIMENTS

Leakage flow rate

As represented in Eq. (4), the resistance, R, affect the speed of 
the stage. Thus, we measured the flow resistance of the gap 
between the piston and cylinder. Figure 8 represents the leakage 
flow rate of the gap between the cylinder and piston. The flow 
resistance of the gap between the piston and cylinder is the 
reciprocal of the slope of the relationship between leakage flow 
rate and pressure difference. In the experiment, the flow 
resistance is 2.63×109 Pa s/m. In the calculation, it becomes
1.86×109 Pa s/m if the gap sizes are 40 m and 43 m as 
designed. However, the exact control of the gap in assemble 
process of the stage is quite difficult. For instance, if the gap 
sizes are assumed to be 10% smaller than that of the designed 
sizes, the calculated flow resistance agree with the experimental 
result, as shown in Fig. 8.

Fig. 8 Leakage flow rate vs.
pressure difference

Step response of water driven stage

The step response of water driven stage is shown in Fig. 9. The 
input voltage of the control valve was changed at 15 s. As a 
result, the time constant of stage was measured approximately to 
be 0.5 s. 

Fig. 9  Step response of water driven stage

Flow control valve

The characteristics of the proportional control valve ku and kpin 
Eq. (9), are experimentally determined. The relationship 
between the input voltage of the proportional control valve and 
the flow rate is shown in Fig. 10, then we verified that 
ku=2.11×10-7 m3/sV. In addition, the relationship between the 
downstream pressure of the proportional control valve and the 
flow rate is shown in Fig. 11, accordingly kp=4.33×10-12 m5/sN 
is obtained.

Fig. 10 Flow rate vs. voltage
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Fig. 11 Flow rate vs.
downstream pressure of control valve

DESIGNED FEEDBACK CONTROL SYSTEM

As shown in Fig. (4), for the controlling the speed of stage, the 
speed of stage is first measured by the laser interferometer, then 
the signal is fed into the PC. The block diagram of the open loop 
control system of the water driven stage is given in Fig. 12.

Fig. 12 Open loop system of water driven stage

Fig. 13 Speed of stage vs. input voltage

The characteristic of the open loop control system was obtained 
as shown in Fig. 13.The result shows that the calculated speed of 
the stage good agreed with experimental result if the input 
voltage was less than 2.5 V. The required speed of the stage for 

diamond turning is about 0.3 mm/s as described. In the low 
speed ranges, the derived mathematical model is capable of 
predicting the speed of the stage.
The feedback control system of the water driven stage is thus 
designed based on the derived mathematical models. A 
feedback control system was designed so that the zero steady 
state error can be achieved in the step response.
As shown in Fig. 12, no integrator is included in the open loop 
control system. Accordingly, a feedback controller with an 
integrator must be designed so that no steady state error can be 
made as shown in Fig. 14. The transfer function of the feedback 
control system is represented by Eq. (12). The damping 
coefficient and the natural frequency are given by Eq. (13) and 
Eq. (14), respectively.

Fig. 14 Feedback control system
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In Eq. (13) and Eq. (14), K and Tc is described by Eq. (15) and
Eq. (16), respectively.
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The feedback gains K1and K2 can accordingly be determined so 
that the desired control performance can be obtained by 
designating appropriate n and in Eq. (13) and Eq. (14).

FEEDBACK CONTROL SYSTEM

Figures 15 and 16 represent the performance of the designed 
feedback control system of the water driven stage. In the 
experiments, the damping coefficient and the natural frequency 
were specified as 3.5 rad/s and 0.8, respectively. For comparison, 
a response of the open loop control system is also represented in 
Fig. 15. In this case, it can be observed that the open loop 
control system control not maintain the constant speed. In
contrast, the designed feedback controller achieved the constant 
speed of the stage.
In addition, a transient response of the feedback control system 
was also investigated as shown in Fig. 16.

Fig. 15 Displacement vs. time

Fig. 16 Speed of stage vs. time

The experiment of the speed of the stage has the fluctuation in 

its speed, with the frequency of 1 Hz, due to an experimental
environment. However, the speed of the stage can follow the 
designed signal. In addition, the small steady state error of 0.002 
mm/s was obtained.

CONCLUSIONS

In the present paper, a speed control of the water driven stage 
was discussed. Mathematical model of the water driven stage 
was derived, together with that of a flow control valve. Predicted 
performance of the open loop control system using the derived 
mathematical model was then compared with experimental 
results, showing validity of the derived model. Based on the 
derived mathematical model, a conventional PI control system 
was introduced for the water driven stage. Performances of the 
feedback control system were tested through simulations and 
experiments. The results indicated that the designed feedback 
control system achieved zero steady state error. The designed 
feedback control will be tested for the actual diamond turning 
experiments.
This research work is financially supported by the Grant-in-Aid 
for Scientific Research (C) of the Japan Society for the 
Promotion of Science.
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HYDRAULIC FORKLIFT 

Tomi KROGERUS, Markus ROKALA and Kari T. KOSKINEN 

 Department of Intelligent Hydraulics and Automation 
Tampere University of Technology 

 P.O.Box 589, FIN-33101, Tampere, Finland 
(E-mail: tomi.krogerus@tut.fi) 

ABSTRACT

The goal of this paper is to study the sensitivity of data analysis process in hydraulic forklift. Based on earlier studies of 
forklift, it was noticed that there were changes between different instances of use. Therefore, a simulation model of the 
lifting movement of the forklift was made because it is stable between different instances of use and the repeatability of 
the tests is good. The simulation model was verified with measurements from the forklift with two different loading 
conditions. After that it was driven to obtain 10 sequences from each state that were used in training and testing of the 
data analysis methods. The Self-Organizing Maps (SOM) with unsupervised learning was used to classify measurement 
data. Before classification feature extraction using wavelet analysis is performed to extract relevant and discriminating 
information from the measurement data and to reduce data dimensionality. The extracted features are then used for 
training and testing the SOM. 

KEYWORDS

Data analysis, Sensitivity analysis, Hydraulic systems, Water hydraulics, Forklift   

NOMENCLATURE 

F : Force [N] 
fmax : Bandwidth [rad/s] 
Kleak  :  Flow gain [-] 
p  :  Pressure [Pa] 
pA  :  Pressure in actuator port A [Pa] 
pB  :  Pressure in actuator port B [Pa] 
pS  :  Supply pressure [Pa] 
pT  :  Tank pressure [Pa] 
Q  :  Flow rate [l/min] 
QA  :  Flow rate in A line [l/min] 

QB  :  Flow rate in B line [l/min] 
Qi  :  Internal leakage of cylinder [l/min] 
QT  :  Tank flow [l/min] 
tc : Correlation time [s] 
u : Control signal in simulation model [-] 
x : Position [m] 

INTRODUCTION

Analysis of hydraulic systems is based on the measured 
variables from these systems. These variables are 
measured in various operating and loading conditions. 
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Changes of operating conditions are common in 
hydraulic systems. In addition, the loading conditions 
change frequently, for example in mobile machine 
systems. The generalization capability of the data 
analysis  process  is  important  if  only  some  of  the  
operating conditions and/or loading conditions are used 
in the training phase. Also in the case of a fault situation, 
fault levels that are between the trained ones should be 
detected as the closest fault level. 
Analysis of hydraulic systems consists of several phases 
between physical inputs and the final decision about the 
state of the system. This process [1] is shown in Figure 1. 
A sensor measures a physical quantity and converts it 
into a signal which can be read by an observer or by an 
instrument. A feature extractor extracts features from the 
measurement data which are then used in classification. 
After this a classifier uses extracted features to assign 
sensed inputs to a category. Finally, a post processor uses 
the output of the classifier to make a decision about the 
state of the system and it can also decide what actions to 
take. In this study the focus is on feature extraction and 
classification parts, including the post processed state of 
the system. 

Figure 1 Process of data analysis [1]. 

Failure mechanisms and different condition monitoring 
techniques to detect emerging fault situations of 
hydraulic components and systems have been widely 
studied, and lots of various condition monitoring 
methods have been developed and tested with different 
systems. But only few of these studies consider the 
sensitivity of the methods to the changes of operating 
and loading conditions [2, 3]. 
A forklift, reach stacker [4], has been used in a previous 

study [5] as a research platform to study the operation of 
the data analysis process. The oil hydraulic components 
from the work hydraulics of the forklift have been 
replaced with water hydraulic ones [6]. The test platform 
is  shown  in  Figure  2  and  its  hydraulic  circuit  of  work  
hydraulics in Figure 3. 

Figure 2 Used research platform (forklift). 

Figure 3 Hydraulic circuit of work hydraulics of forklift. 

Based on earlier studies of forklift, it was noticed that 
there were changes between different instances of use. 
Therefore, a simulation model of the lifting movement of 
the forklift, based on physics equations, was made 
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because it is stable between different instances of use and 
the  repeatability  of  the  tests  is  good.  By  means  of  this  
model the effects of changes in the loading and operating 
conditions on the performance of the data analysis 
methods were studied. Using this simulation model data 
were generated which were then used in training and 
testing of the data analysis methods. The Self-Organizing 
Maps (SOM) with unsupervised learning was used to 
classify measurement data. Before classification feature 
extraction using wavelet analysis was performed.  
In  this  study  Matlab  Simulink  [7]  was  used  for  the  
simulation, the SOM Toolbox [8] was used to create and 
use the neural network and Mathworks’ Wavelet Toolbox 
[7] was used in wavelet analysis. 

SIMULATION MODEL OF THE LIFTING 

MOVEMENT 

The simulation model of the working hydraulics of the 
forklift  is  a  tool  used  to  describe  the  behavior  of  the  
hydraulic system so accurately that a reliable sensitivity 
analysis could be made. The basic structure of the 
simulation model and the signal connections between the 
components are shown in Figure 4. 

Figure 4 Structure of simulation model of lifting 
movement of forklift. 

The control signal of the pump and valves in the 
simulation model was taken from the actual tests. The 
hydraulic pump of the system is a fixed displacement 
pump.  The  flow  rate  of  the  pump  is  generated  by  the  
rotational speed of the electric motor multiplied by the 
theoretical displacement of the pump. The losses were 
taken into account by the function of pressure difference 
over the pump. The dynamics of the pump are defined 
with the control signal and the measured supply pressure 
signal. The pressure relief valve was simply modeled as 
a table without the dynamics of the valve. The flow 
through the valve depends on the supply pressure of the 
system. 
The 4/3-directional valve of the system is an on/off-valve. 
Pressure difference versus flow over every direction of 
the flow was measured in a test rig and those values were 

used in modeling the orifices. The dynamics of the valve 
were taken into account by adding a delay and limiting 
the maximum opening speed. The check valves in the 
Wheatstone bridge, shown in Figure 3, were taken into 
account only as a pressure drop. The flow control valve 
was modeled as an orifice, which opening was controlled 
with the control signal. The dynamics of the opening and 
closing situations were also modeled. The pilot operated 
check valve was used to hold the load in place when the 
lifting movement is not operated because the 4/3-on/off 
valve has an open center position and the flow control 
valve is not leak-proof. The pilot operated check valve 
was modeled as an orifice, the flow area of which was 
dependent on the pressures. The dynamics of the pilot 
operated check valve were also modeled. 
The lifting cylinder was modeled with two volumes, 
whose pressure and area difference generates the force. 
The cylinder ends were modeled with stiff springs and 
the friction of the cylinder is dynamic. Hoses and tubes 
were taken into account as volumes which generate the 
pressure. The mechanism of the lifting was modeled with 
a simple mass model. The mass of the mechanism, added 
mass, effect of the mechanism and the roller friction 
curve were taken into account to generate the force to the 
lifting cylinder. 
The modeling of the components was really challenging 
because the behavior varied between test runs. Especially 
the behavior of the flow control valve was inconsistent 
and the variation was quite significant with small 
openings. Also the flow of the pump was slightly 
different between tests. 
Pressure dependent laminar flow was used to model the 
leakage in the cylinder to study the fault level changes in 
the  data  analysis  process,  see  Eq.  1.  In  the  rest  of  the  
flows a combined laminar and turbulent flow model was 
used [9]. 

Qi = Kleak (pA -pB )     (1)  

After verification, measurement noise was added to the 
simulated pressure signals A and B, which were used in 
the data analysis. White noise was used to simulate the 
measurement noise. The effect of the white noise was 
simulated by using a random sequence with a correlation 
time much smaller than the shortest time constant of the 
system. The correlation time was calculated according 
Eq. 2, where fmax is the bandwidth of the system. The 
amplitude of the noise was estimated from the 
measurements. [7] 

tc = 1/100·2 / fmax     (2)  

The model was verified with supply pressure, cylinder 
chamber pressures, pressure between directional valve 
and Wheatstone bridge connection, and position and 
velocity of the cylinder. Verification process is described 
in [10]. 
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SIMULATED DATA USED IN THE SENSITIVITY 

ANALYSIS 

The simulation model was used to acquire data that is 
then used in the sensitivity analysis. Example of the used 
control signal of the driven sequence and the position of 
the cylinder, when there is no added load and no leakage, 
are shown in Figure 5. 
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Figure 5 Example of cylinder position and control signal 
from extending and retracting strokes. 

The simulation model was driven to obtain 10 sequences 
for training and 10 sequences for testing from each state 
that were used in training and testing. Table 1 and 2 
shows the levels of fault and load which are used to 
study the effect of fault level change and different 
loading conditions. When the effect of the changes in the 
fault level was studied, data from the normal situation 
was used in training on the first level. The fault levels 
that were used in training or testing are marked with X in 
the table. 

Table 1 Levels of fault and their use in data analysis 
process. 

Level Fault Training Testing

1st 2nd 1st 2nd

1 Leakage 0.50 l/min - X X X

2 Leakage 0.75 l/min - - X X

3 Leakage 1.00 l/min - X X X

4 Leakage 1.50 l/min - - X X

5 Leakage 2.00 l/min - X X X

Table 2 Levels of loading conditions and their use in data 
analysis process. 

Level Load Training Testing

1st 1st

1 0 kg X X

2 250 kg - X

3 500 kg X X

4 750 kg - X

5 1000 kg X X

The variables used in the data analysis were pressures A 
and B from the actuator ports. The measurement 
frequency with the pressure measurements was 100 Hz. 
Figures 6 and 7 show examples of the pressure signals in 
the case of simulated leakages, and Figures 8 and 9 in the 
case of different loading conditions. Pressure signals are 
composed of 50 points of the beginning of pressure A, 50 
points of pressure A after the control signal of the lifting 
movement has been cut off, 50 points of the beginning of 
pressure B and 50 points of pressure B after the control 
signal of the lifting movement has been cut off. 
Before classification, level 2 discrete wavelet analysis 
was used in extracting approximation coefficients in the 
case of the pressure signal. The extending and retracting 
strokes were processed separately. The parts of the 
pressure signals A and B were first merged, resulting in a 
signal of 200 points. Then 52 coefficients were extracted 
from the merged signal. Therefore, a training vector 
consists of 52 values. 
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Figure 6 Examples of measured pressures A and B from 
extending strokes in normal and different fault levels. N 

is normal and L1 to L5 are different fault levels. 
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Figure 7 Examples of measured pressures A and B from 
retracting strokes in normal and different fault levels, N 

is normal and L1 to L5 are different fault levels. 
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Figure 8 Examples of measured pressures A and B from 
extending strokes in different loading conditions. 
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Figure 9 Examples of measured pressures A and B from 
retracting strokes in different loading conditions. 

CLASSIFICATION RESULTS OF THE 

SENSITIVITY ANALYSIS 

The Self-Organizing Map (SOM) with unsupervised 
learning is used to classify measurement data. On the 
first level, the so called fault-detection map is used and 
the fault detection is based on the quantization error 
method. The categorization method is used on the second 
level to define specific faults and their levels. 
Classification process is described more detailed in [5, 
10].
Two different cases were studied. In the first one, 
leakage levels L1, L3 and L5 are used in the training and 
levels L1 to L5 are used in the testing. The levels were 
determined by the maximum leakage during the driven 
sequence and were the following: 0.5, 0.75, 1.0, 1.5 and 
2.0 l/min. Levels L2 and L4 were studied in terms of 
how well they are classified as a normal or fault state on 
the first level of the SOM and how well they were 
classified as the closest possible fault level on the second 
level of the SOM. In the second one, loading levels, 0 kg, 
500 kg and 1000 kg, were used in the training and in the 
testing it was studied whether untrained levels, 250 kg 
and 750 kg, are classified as normal states on the first 
level of the SOM. It was also tested whether the distance 
between the best-matching unit (BMU) and the vectors 
from different normal loading conditions were smaller 
than the distance between the BMU and the vectors from 
fault situations. 

Effect of Changes in Fault Level 

On the first level, two different maps were trained. One 
was for extending strokes and the other one for retracting 
strokes. The number of map units on the first level is 4 x 
4 in both maps. Figures 10 and 11 show the distances 
between the BMUs and the testing vectors. In the 
extending stroke the threshold was set to 1.9 so that all 
the normal state sequences were classified correctly. This, 
however, results in few sequences of the smallest fault 
level being classified as normal. The distance clearly 
increases when the fault level gets higher. In the 
retracting stroke the difference between the normal and 
fault situation was clear. However, the differences 
between the fault levels were very small. Table 3 shows 
the quality of the state recognition on the first level. 
94 % of the sequences are classified correctly in the 
extending stroke if the threshold is set to 1.9. 
Respectively, in the retracting stroke 100 % of the 
sequences are correct if the threshold is set to 2.5. 
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Figure 10 BMU distances from extending strokes. 
Sequences are in order normal, fault levels 1, 2, 3, 4, 5. 
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Figure 11 BMU distances from retracting strokes. 
Sequences are in order normal, fault levels 1, 2, 3, 4, 5. 

Table 3 Quality of state recognition on the first level in 
case of extending and retracting strokes. N is normal, 
ND is not defined and L1 to L5 are different leakage 

levels of cylinder. Dark grey areas are classified 
correctly. 

Detected state of the system

Extending Retracting

State N ND N ND

N 10 0 10 0

L1 3 7 0 10

L2 0 10 0 10

L3 0 10 0 10

L4 0 10 0 10

L5 0 10 0 10

On the second level, the number of map units in 
extending stroke is  2  x  5 and in  retracting stroke 3 x 3.  
Table 4 shows the results of the quality of the state 
recognition on the second level. The levels that are not 
used in training are better classified, as the closest fault 
level, in the extending stroke. In the retracting stroke 
about half of the sequences that are not used in training 
are correctly classified and half of those are classified as 
a not defined fault level (NDFL). 90 % of the sequences 
in the extending strokes are classified correctly with fault 
levels that are used in training and 90 % of the sequences 
are classified as the closest fault level with fault levels 
that are not used in training. Respectively, in the 
retracting stroke 100 % of the sequences are correct in 
the case of the fault levels that are used in training and 
55 % of the sequences are classified as the closest fault 
level in the case of fault levels that are not used in 
training. 

Table 4 Quality of state recognition on the second level 
in case of extending and retracting strokes. N is normal, 

L1 to L5 are different leakage levels of cylinder and 
NDFL is not defined fault level. Dark grey areas are 

correct states. Light grey areas are closest correct states. 

Identified state of the system

Extending Retracting

State L1 L3 L5 NDFL L1 L3 L5 NDFL

L1 7 3 0 0 10 0 0 0

L2 5 5 0 0 2 3 0 5

L3 0 10 0 0 0 10 0 0

L4 0 4 4 2 0 3 3 4

L5 0 0 10 0 0 0 10 0

Figure 12 shows the distribution of neurons according to 
the state. On the second level, it is obvious that the levels 
not used in training are better detected in the extending 
stroke because the areas, especially levels 1 and 3, are 
adjacent neurons. In the retracting stroke there is not 
such a situation and the classification result is inferior. 
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a) b)

c) d)

Figure 12 Distribution of neurons according to the state 
of the system: a) extending: first level, b) extending: 
second level, c) retracting: first level, d) retracting: 

second level. 

Effect of Changes in Loading Conditions 

Besides the levels that were used in training, two other 
loading conditions are used in testing. The number of 
map units is 3 x 10 in extending and retracting strokes. 
BMU distances on the first level were calculated to 
prove that the normal state is classified correctly even in 
untrained loading conditions. Figures 13 and 14 show the 
distances between the BMUs and the testing vectors. 
When 250kg and 750 kg are used in testing, the distance 
is higher in both cases. In the extending stroke the 
change is still far smaller than in the retracting stroke, 
where the difference can be clearly seen. If Figures 13 
and 14 are compared to Figures 15 and 16, where 
different fault levels were tested with the maps of 
loading conditions on the first level, it can be seen that 
some  of  the  lower  levels  of  the  fault  can  be  confused  
with the normal situation of untrained loading conditions. 
Overall, the distance is higher with a fault situation. If 
the thresholds are set to 1.25 in the extending stroke and 
to 1.38 in the retracting stroke, all different loading 
conditions are classified as normal states. In this case, 
52 % of the faulty sequences in the extending stroke 
shown in Figures 15 and 16 are classified correctly as 
faults. Respectively, in the retracting stroke 98 % of the 
sequences are classified as faults. It can be noticed that 
in the extending stroke especially the lower levels of 
fault were hard to distinguish from the normal state. In 
the retracting stroke the loading conditions that were not 
used in training were close to the smallest fault level, but 
all the other fault levels have a higher distance. 
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Figure 13 BMU distances from extending strokes. 
Sequences are in order 0 kg, 250 kg, 500 kg, 750 kg and 

1000 kg. 
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Sequences are in order 0 kg, 250 kg, 500 kg, 750 kg and 

1000 kg. 
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Figure 15 BMU distances from extending strokes. 
Sequences are in order fault levels 1, 2, 3, 4, 5. 
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Sequences are in order fault levels 1, 2, 3, 4, 5. 

CONCLUSIONS

The  main  goal  of  this  research  was  to  study  the  
sensitivity of data analysis process in hydraulic forklift. 
For this purpose a simulation model of the lifting 
movement of the forklift was made. This model was used 
to produce data for analysis purposes. It was noticed 
from the results  of  the analysis  that  it  is  possible  to  use 
only few fault levels and loading conditions in the 
training phase and still maintain the performance of the 
data analysis process. 
When the effect of fault level change was studied, 94 % 
of the sequences in the extending stroke and 100 % in 
the retracting stroke were classified correctly on the first 
level of analysis. On the second level, 90 % of the 
sequences in the extending stroke and 55 % in retracting 
stroke were classified as the closest fault level, with fault 
levels that are not used in training.  
The loading conditions that are not used in training can 
still be classified as normal state on the first level with 
good results but some of the lower levels of the fault can 
be confused with the normal situation of untrained 
loading conditions. When fault levels L1 to L5 were 
tested with the maps of loading conditions on the first 
level, 52 % of the faulty sequences in the extending 
stroke were classified correctly as faults. Respectively, in 
the retracting stroke 98 % of the sequences were 
classified as faults. 
These results prove the generalization capability of the 
used data analysis process. 
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ABSTRACT

Water hydraulic fluid switching transmission (FST) has lower environmental load and lower energy loss in valves for
using only ON/OFF valves. In addition, improvement of transmission efficiency can be expected by using accumulator
as the second driving source and making use of waste energy by energy recovering action. This paper concerned with
experimental results and a design of simulator of the FST system. First, it was shown from experimental results that the
error rate was within 5 percent and the recovered energy during the deceleration phase was more than 25-38% of the
kinetic energy of the load. Next, the FST simulator was developed for designing the key parameters to achieve higher
transmission efficiency. As a result, the effects of design parameters of FST system were clarified and design standard
of water hydraulic FST was established.

KEY WORDS

Key words, Water hydraulics, FST, Energy recovery, ON/OFF valve, Accumulator

NOMENCLATURE

pi : pressure in pipe (i = 1, 2, 3)
ps : supply pressure
pACC : pressure in accumulator ACC
qi : volumetric flow rate (i = 1, 2)
qACC : flow rate to accumulator ACC
I : inertia load

FW : rotational velocity
const : rotational velocity at the end of Phase 2

EFW : kinetic energy of load
Erecovery : recovery energy in Phase 3
Esup_ac : supplied energy in Phase 1

INTRODUCTION

Water hydraulics is recognized as the forth drive systems
for more than ten years because of its lower
environmental load and high cleanness. This system can
be widely applied to various fields. Its control
performance have already discussed in many papers and
it was shown that the control performance was
comparable with oil hydraulics [1][2]. On the other hand,
as a drive system, not only the control performance but
also the energy efficiency is very important in
application. For water hydraulics, while the proportional
or servo valves are proper to achieve higher control
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precision, these kinds of valves dissipate the energy at
their throttle part. As a result, this leads to lower energy
saving performance [3]. In this situation, the fluid
switching transmission inspired by electrical power
switching control was introduced for fluid power
transmission these ten years. Its key concept is to
transmit power by applying the switching control with
ON/OFF valves and store the surpass energy to
accumulator. Therefore the higher energy loss
components such as proportional or servo valves are not
adopted. Since only ON/OFF valves are used in this
system, the energy dissipation at their throttle part is less
than conventional valve control system.
This system was examined in oil hydraulics and its
energy balance and loss were discussed in the literature
[4]. As described above, from the viewpoint of
environment load and working conditions, it is useful to
apply FST system to industrial fields, for example, food,
cosmetic and pharmaceutical factories which are
required high cleanness. Moreover, in water hydraulic
FST, as energy loss at pipe line is small due to lower
viscosity, it is hoped that energy recovering is more
effective than in oil hydraulic FST. The authors has
already reported the feasibility of the water hydraulic
FST [5].
In this research, a simple drive pattern was introduced
for a production process, and then the rotational velocity
control performance and the energy efficiency were
examined by experiments. At first, control performance
was examined by experiments. The comparison with
conventional systems was focused on and the cause of
rotational velocity error was examined to improve the
control performance. Secondly, using FST simulator, two
key parameters on energy transmission efficiency were
analyzed to examine the ability for transmission of the
FST system. Especially, recovered energy which was
dissipated in conventional transmission was focused on.

FST EXPERIMENTAL SYSTEM

The water hydraulic circuit used in this study is shown in
Fig.1. This is composed of a fixed displacement pump
(P), a fixed displacement pump/motor (PM), three
ON/OFF valves (VSi , i =1, 2, 3) and two accumulators
(ACCi , i =1, 2) as key components. These ACC1 and
ACC2 are used as a surge absorber and energy storage,
respectively. The flywheel (FW) connected to PM is the
rotating load. The specifications of each components and
instruments for measurement are listed in Table 1. In this
research, the input energy is defined as the fluid energy
which is supplied from the pump P through the valve
VS1. On the other hand, the output energy is defined as
the transmitted energy to the flywheel FW. The supply
pressure ps is 12MPa in all experiments and as a
reference rotational velocity the drive pattern of load is
given as seen in Fig.2 which is composed of three
phases; acceleration phase (Phase 1), constant velocity

phase (Phase 2) and deceleration phase (Phase 3). In this
research, considering the response time of ON/OFF
valves and their control relays, 10rpm threshold
around reference rotational velocity is introduced in
Phase 2.

Figure 1 Water hydraulic FST circuit

Figure 2 Logic charts of each ON/OFF valves

Table 1 Specifications of experimental devices

P Displacement volume 30×10-6 m3

PM Displacement volume 15×10-6 m3

ACC 1
N2 gas volume
Preload pressure

0.005 m3

5.0 MPa

ACC 2
N2 gas volume
Preload pressure

0.01 m3

8.4 MPa
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FW

Total inertia
Mass
Diameter
Thickness

1.58 kgm2

78.9 kg
0.4 m

0.08 m
Drive motor Revolution 500 rpm

Flow meter Range of measurement 0-15 L/min

Rotational
speed meter

Time constant
Range of measurement

63 ms
1-20000 rpm

EXPERIMENTAL RESULTS

The experimental results on control performance are
summarized in Table 2 for the reference velocity
600-1000rpm. Fig.3 and Fig.4 show the experimental
results of flywheel velocity FW and recovery flow rate
q2, respectively. Especially, Fig.3 contains the
comparison of two cases; with and without energy
recovering operations.

Table 2 Comparison for various reference velocities

min
[rpm]

max
[rpm]

emin
[%]

emax
[%]

const
[rpm]

600rpm 561 639 6.42 6.55 601

700rpm 664 740 5.09 5.68 700

800rpm 761 841 4.86 5.09 801

900rpm 864 941 3.94 4.53 899

1000rpm 964 1043 3.58 4.25 1001

Figure 3 Experimental results of flywheel velocity

Figure 4 Experimental result of flow rate q 2

Table 2 shows that the rotational velocity max and min
in Phase 2 are different from reference velocity
irrespective of reference velocity. This is due to two
reasons; 1) the time lag and response time in ON/OFF
valves (see Fig.5), and 2) the response time of velocity
transducer. From Fig.5, which represents ON/OFF valve
characteristics, the maximum opening time is about
40ms and the maximum closing time about 100ms.
These correspond to 15-30% of the rotational velocity
error ratio. The latter has relatively larger effect on the
results because time constant of velocity transducer is
about 63ms as in Table 1. The settling time of this sensor
seems to be about 300ms, this implies that the rotational
velocity is highly depending on the performance of
velocity transducer compared with valve response lags.
On the other hand, comparing the performance with
recovery to the one without recovery, it is shown that
maximum errors of both are almost same. Therefore,
energy recovering has little relationship with the
rotational velocity control performance.

Figure 5 Pressure response in experiment
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EVALUATION OF ENERGY EFFICIENCY

In this chapter, two indices will be defined to evaluate
the energy recovery of FST system. Note that these
indices are valid during Phase 3 because the energy
recovery is operated only in this phase.

Efficiency index 1

The index 1 is defined as

FW

recovery
1 E

E
(1)

where EFW is the kinetic energy possessed by the
flywheel at the end of Phase 2, and Erecovery the recovered
energy to the accumulator ACC2 during Phase 3. This
evaluates how much energy will be recovered from the
kinetic energy of flywheel which is dissipated in
conventional operation and can be reused in next
operation in real application. In this case, EFW is defined
as

2
constFW 2

1 IE (2)

where const is the final value of rotational velocity of
flywheel at the end of Phase 2. On the other hand,
Erecovery is the pressure energy in the accumulator ACC2
which can be calculated with the pressure pACC in the
accumulator ACC2 and its flow rate qACC as follows.

end

start
ACCACCrecovery

t

t
dtqpE (3)

where tstart and tend are the time at the beginning and the
end of the Phase 3, respectively. Because the pressure
pACC is same to the pressure p1 and the flow rate qACC
into the accumulator ACC2 is only q2, Eq. (3) can be
rewritten in

end

start
21recovery

t

t
dtqpE (4)

Efficiency index 2

Another evaluation index 2 is defined as

sup_ac

recovery
2 E

E
(5)

where Esup_ac is supplied energy to FST system by
opening ON/OFF valve VS1 during Phase 1. This index

2 indicates the ratio of recovered energy to the total
supplied energy to FST system. This is supplementary
for 1 because even if the 1 is supposed to be higher,
there is a possibility that FST could transmit the small
portion of supplied energy to the load. Therefore the 2 is
also required to evaluate the FST system performance as
a transmission. In Eq. (5), Esup_ac is obtained as

end

0 1ssup_ac

t
dtqpE (6)

where ps is supply pressure and q1 the supplied flow rate.
Based on these two indices, the energy and transmission
performances will be evaluated in the following section.

Efficiency analysis

The results on efficiency analysis are shown in Fig.6 and
Table 3. These results are the average of 5 times
experiments. First, from Fig.6, it can be observed that the
energy recovery efficiency 1 is improved for higher
reference rotational velocity of load. This is due to the
characteristics of volumetric efficiency of the
pump/motor PM which is connected to the flywheel. The
index 2 also shows similar property and this reason can
be explained as follows. For higher reference velocity,
the kinetic energy in flywheel is higher at the end of
Phase 2, and this implies that the recovered energy in the
accumulator is also larger. Therefore, for higher
reference velocity, 1 will be improved and the FST will
achieve better energy performance. Moreover, higher
pump/motor efficiency makes 1, 2 higher.

Figure 6 Efficiency comparisons for various reference
rotational velocities

1

× 2
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Table 3 Analysis of energy efficiency η1, η2 
 

ωFW [rpm] EFW [kJ] Erecovery [kJ] Esup_ac [kJ] η1 [%] η2 [%] 
600 3.10 0.80 5.78 25.9 13.9 
700 4.23 1.21 6.95 28.6 17.4 
800 5.52 1.79 7.15 32.4 25.0 
900 6.98 2.54 8.60 36.3 29.5 

1000 8.61 3.30 9.89 38.4 33.4 
 
 
As mentioned above, η1 shows the recovered energy ratio 
to the energy possessed by flywheel at the end of Phase 2. 
This FST system achieves more than 25-38% recovery of 
energy depending on reference velocity of flywheel. 
However, if recovered energy exceeds the capacity of the 
accumulator ACC2, the surplus energy will be dissipated 
through the relief valve VR2. This leads to lower energy 
recovery. Therefore, for volume of ACC2, which depend 
on drive pattern of load, are very important to minimize 
this dissipative energy. 
 

SIMULATION ANALYSIS 
 

In this chapter, the validity of FST simulator based on 
mathematical model is confirmed by comparing with 
experimental results. Fig.7 and Fig.8 show the simulation 
and the experimental results on rotational velocity ωFW 
and the pressure p1, respectively. Both results agree well. 
 
 

 
 

Figure 7 Comparison of rotational velocity ωFW 
 

 
 

 
 

Fig.8 Comparison of pressure p1 

 
 

The simulation results on control performance and 
energy efficiency are compared with experimental results. 
The control performance means rotational velocity error 
ratio emax and emin in Phase 2 which is constant velocity 
phase. For energy efficiency, two indices η1 and η2 are 
also used (see Eq. (1) and (5)). The results are shown in 
Table 4. Note that experimental methodology in this 
chapter different from the previous chapter. Even when 
the reference velocity is changed 600-1000rpm, the 
simulation results show good agreement with the 
experimental results. For this reason, the FST simulator 
which is possible to adequately reproduce actual 
phenomenon is constructed. 
 
 
 

Table 4 Simulation analysis  
 

 emin [%] emax [%] EFW [kJ] Erecovery [kJ] Esup_ac [kJ] η1 [%] η2 [%] 

Experiment 3.94 4.53 5.52 1.79 12.1 34.2 15.5 

Simulation 3.58 4.25 5.51 1.78 12.4 32.4 14.4 
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DESIGN KEY PARAMETERS

In this chapter, time constant of velocity transducer and
design parameters of accumulator ACC2 are examined as
key parameters of the FST system. These will improve
control performance of rotational velocity and energy
efficiency.

Consideration of control performance

In this section, improvement of control performance is
examined with the FST simulator. In the previous chapter
(see chapter EXPERIMENTAL RESULTS), two reasons
are pointed out as rotational velocity error. Focusing on
time constant of transducer which is dominant consider
to which level the control performance can be improved.
Fig.9 shows simulation results on rotational velocity FW
in a part of Phase 2. Note that Fig.9 contains the
comparison of two cases; transducer time constant 63ms
and 0ms.

Figure 9 Comparison for different time constants

Table 5 Number of valve switching on simulation for
different time constants

Time constant [ms] 63 0

error ratio [%] 4.25 2.56

N
um

be
r

of
sw

itc
hi

ng VS1 1 1

VS2 34 67

VS3 34 67

It is seen from Fig.9 that the rotational velocity error
ratio is reduce to about 2% from 4% of experimental
result for the reference velocity 800rpm. Therefore, one
of key parameter of control performance is clarified. On
the other hand, from Table 5, it is confirmed that number

of switching of ON/OFF valves with transducer time
constant 0ms are more than with transducer time
constant 63ms. Because too many valve switching may
lead to shorten of life of valve, it is necessary to optimize
both the control performance and number of switching of
ON/OFF valves. Table 5 shows the control performance
and number of switching of ON/OFF valves. Note that
‘number of switching’ stands for all of the switching
number of ON and OFF in Phase 2, not the pair of
ON/OFF.

Consideration of energy efficiency

In this section, to clarify drive performance of the FST
system, the key parameters of energy efficiency are
discussed. In this research, intended parameters are
focused preload pressure pa and volume Va of
accumulator ACC2. First, preload pressure is examined
with experiment and simulation. Energy efficiency 1
and 2 are summarized in Table 6 for various preload
pressures 6.0-9.6MPa. These results were the average of
3 times experiments.

Table 6 Comparison for different preload pressures

pa
[MPa]

Experiment Simulation

1 [%] 2 [%] 1 [%] 2 [%]

6.0 34.7 7.6 34.2 6.1

7.2 34.9 10.0 34.2 9.8

8.4 34.2 15.5 34.4 14.8

9.6 34.6 22.1 34.6 22.5

From Table 6, the value of preload pressure has no direct
effect on energy efficiency 1. Although the energy
recovering is made only in Phase 3, ACC2 have
completed to store enough energy before this phase. In
fact, the pressure of ACC2 in Phase 3 was almost
constant irrespective the preload pressure pa in the
experiments. On the other hand, energy efficiency 2 is
greatly affected by the value of preload pressure. For
higher preload pressure, from Table 6, the energy
efficiency 2 becomes higher in both experiment and
simulation. This is due to the experimental methodology
that initial value of stored energy in ACC2 is zero. In
other words, it is necessary to supply energy to ACC2
before supplying energy to flywheel. Therefore, for
higher preload pressure, the supply energy which
accumulator ACC2 needs is smaller and supply energy
Esup_ac is also smaller. As noted from Eq. (5), energy
efficiency 2 can be improved by decreasing Esup_ac.
Accumulator volume which is another key parameter is
examined with only simulation. Energy efficiency 1 and

2 are summarized in Table 7 for various accumulator

Transducer time constant: 63ms

Transducer time constant: 0ms
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volumes 6-14L.

Table 7 Comparison for different accumulator volumes

Va [L] 1 [%] 2 [%]

6 32.6 17.1

8 32.2 15.3

10 32.4 14.4

12 32.5 13.8

14 32.6 13.3

From Table 7, the accumulator volume also has no direct
effect on energy efficiency 1 same as the situation of
preload pressure. As seen from Fig.8, pressure in ACC2
raised by recovery flow rate q2 to accumulator ACC2 is a
little. Hence, there is no difference in recovery energy
Erecovery for various accumulator volumes.

On the other hand, energy efficiency 2 is affected by the
value of accumulator volume. For larger accumulator
volume, energy efficiency 2 becomes lower. For larger
volume of accumulator ACC2, pressure fluctuation in
ACC2 becomes smaller. Therefore, it is necessary to
supply more energy to accumulator ACC2 in Phase 1. For
this reason, it is expected to improve the energy
efficiency of the FST system by minimizing the
accumulator volume. However, smaller volume of
accumulator ACC2, the capacity of ACC2 becomes
smaller and a part of recovery energy is may be wasted
through the relief valve VR2.

CONCLUSIONS

This paper deals with water hydraulic FST and examines
the rotational velocity control performance and the
energy efficiency with two indices. In addition, the FST
simulator is developed for designing the key parameters.
For the constant reference velocity, the proposed simple
valve control logic achieved control accuracy within
40rpm for given reference velocity, that is, within 5%
error ratio. This error ratio is highly depending on the
time constant of velocity transducer and the response of
ON/OFF valves. Also, it is confirmed that the energy
recovery performance of FST system is more than
25-38% of kinetic energy of the load, but this depends on
the reference velocity. In conventional fluid power
transmission, this energy is all dissipated at orifices. This
result implies that a part of this energy can be used to
compensate the power required by load. These results
show the effectiveness of water hydraulic FST system.
To improve control performance of the FST system, the

effect of the time constant of velocity transducer is
examined. It is confirmed that the rotational error ratio
can be improved to more than 40% of previous result
while the number of ON/OFF valve switching becomes
almost double, therefore this is a criteria for users.
To improve energy efficiency, two key parameters of
ACC2 are clarified with the FST simulator and design
indices 1 and 2 of water hydraulic FST system is
established. As the preloaded pressure of ACC2 increases,

2 increases. On the other hand, as the volume of ACC2
increases, 2 decreases. Both have little effect on 1.
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RESEARCH ON THE VISCOUS LOSS OF UNDERWATER TOOL 
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ABSTRACT 

Underwater tools are widely used in underwater work. Usually, underwater tools are driven by oil hydraulics, 
pneumatics or electricity. Compared with the tools used in the air, viscous loss of water for the rotary underwater tools 
with larger tools head, such as the abrasive disk saw and brush, must be considered because the dynamic viscosity of 
water is about 50 times more than that of air. Especially when the rotational speed is very high and the disk very large 
the energy loss due to viscous loss accounts for a very large ratio of the output power of the motor. In the paper, an 
abrasive disk saw driven by seawater hydraulics was used as the example to research the viscous loss of underwater tool. 
The influences of the rotary speed and the diameter of disk on the viscous loss were researched experimentally and 
theoretically and then a formula was built to estimate the viscous loss.

KEY WORDS 

Water Hydraulics, Underwater Tool, Abrasive Disk Saw, Viscous Loss 

1. INTRODUCTION 

The underwater tool is necessary to accomplish 
underwater work as the ocean is more and more 
important to human’s development. Generally, 
underwater tools can be divided into two kinds according 
to the moving ways: one is the reciprocal tool such as 
steel cable cutter, torque wrench etc., the other is rotary 
tool driven by motor. Compared with the tools used in 
the air, the viscous loss of water for the rotary 
underwater tools with larger tools head, such as abrasive 
disk saw and brush, must be considered because the 
dynamic viscosity of water (1×10-3kg/ms at 20  and 
1atm) is about 50 times more than that of air ( 2.03×10-5

kg/ms at 20  and 1atm). Especially when the rotational 

speed is very high and the diameter of disk very large the 
energy loss due to viscous loss accounts for a very large 
ratio of the output power of the motor. 
Underwater tools can be divided into several kinds 
according to their driving ways: manual tools, electric 
tools, pneumatic tools and hydraulic tools. Compared 
with electric tools and pneumatic tools, the hydraulic 
tools have stronger working capacity and higher 
reliability and so are most often used underwater. 
Traditionally, mineral oil is used as the working media of 
hydraulic tools. However mineral oil is not compatible 
with seawater and so the system must be as a 
closed-circuit which has some insurmountable 
drawbacks such as pollution, leakage, erosion and 
pressure compensation when working at deep sea. 
Recently, underwater tools driven by seawater 
hydraulics which uses seawater instead of mineral oil as 
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the pressure media in hydraulic power systems, are a 
new development direction. When seawater hydraulics is 
used to drive underwater tool, the following advantages 
can be obtained compared with the underwater tools 
powered by pressurized air, hydraulic oil or 
electricity[1,2,3]:

1) No risk of leakage. 
2) No pollution to environment.  
3) Less pressure loss due to the less viscosity of 

seawater than mineral oil. 
4) Simpler system because of open-circuit system 

without return lines, reservoirs etc. 
5) No need of storage of working media. 

In addition, underwater tools driven by seawater 
hydraulics have no need of pressure compensators. 
Generally, oil hydraulic tools are a closed-circuit and a 
pressure compensator is needed to improve the effective 
working pressure if they are used in a deep sea. 
Comparatively, a seawater hydraulic system is open and 
the inlet pressure is the one produced by the sea depth 
and so the practical pressure is still the one that the 
system can produce.  
In this paper, the underwater tools driven by seawater 
hydraulics were taken as the example to research the 
influences of viscosity on the underwater tool. 

2. THEORETICAL ANALYSIS 

Fig.1 shows a seawater hydraulic abrasive disk saw, in 
which an abrasive disk is driven by a seawater hydraulic 
motor. According to the boundary layer theory, the 
viscous resistance of water on the disk can be expressed 
by: 

          MD=
eR
R52

935.1            (1) 

In which, 
v
RRe

2

 is the Reynolds number,  is the 

density of water, is the rotary speed, R is the radius of 
disk, MD is the resistant torque of water.  
Formula (1) is correct for laminar flow and not suitable 
for turbulent flow. If the tangential speed across the 
boundary layer follows the 1/7 power law, the viscous 
torque on the disk is [4,5]

       (2) 5/1252 )/(073.0 RvRM D

Besides, the thickness of abrasive disk also has 
influences on the viscous resistance. If the thickness is 

mm then a thickness coefficient can be defined as 
follows:  

K
dRM

M

D

R 42           (3) 

Fig.1 Seawater hydraulic abrasive disk saw 

Then the total viscous resistant torque is 

DMKM )1(
        (4) 5/1252 )/(073.0)1( RvRK

And the power loss due to viscous resistance is 

             MPs                  (5) 

For an abrasive disk with the rotary speed n=2000r/min, 
radius R=100mm, mm2 , K=1/25, and the 
Reynolds number  

6
2

104.1
v
RRe

the flow is turbulent at this time and the viscous torque 
and power loss according to formula (4) is as follows: 

M mN32.2

.0sP 50 kW 

From formula (4), the influences of disk diameter, 
thickness, rotary speed on the power loss are shown in 
Fig. 2, in which, k=1/25 means the disk used to cut and 
k=1/2 the disk used to grind or brush. 
Considering the cutting efficiency and maximum cutting 
diameter, an abrasive disc with 200mm diameter and 
2000rpm rotary speed was selected. At this time, the 
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viscous power loss is about 0.67 kW. 

3. EXPERMENTS AND RESULTS 

Based on the above theoretical analysis, the experiments 
were carried out to research the influences of viscosity 
on the power loss 

3.1Test system 

The test system is shown in Fig.2, which consists mainly 
of a water hydraulic pump, an accumulator, various 
rotary tools and control valves.  

1-Water Tank 2-Shut-off Valve  3, 7-Filter 4-Water Hydraulic Pump 5-Electric Motor 6-Check Valve 
8-Accumulator 9,14-Manometer 10-Unloading Valve 11-Safety Valve 12-Relief valve 13-Flow Control Valve 
15-Flowmeter 16, 17-Fast Fitting Connector 18-Control Valve of Tool 19-Motor and Tool 

Fig.2 The hydraulic scheme of the test system 

Fig.3 The power loss due to viscosity for different disks 

The unloading valve should be open before starting and 
ending the system in order to protect the pump. Besides, 
the system also needs to be unloaded when changing 
different tools in order to replace the fast-fitting 

connector easily. The relief valve is used to adjust the 
working pressure of the tools and the flow control valve 
the flow through the tools. The tests were carried out in 
the laboratory and the working media were tap water. 
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The inner diameter and length of the hose between the 
flow control valve and motor is 1/2 inch and 15 meters 
respectively.  

3.2 Test results 

In order to research the viscous power loss of rotary tools, 
an abrasive disk, steel wire brush and abrasive bowl were 
tested which represents underwater abrasive cutter, brush 
and grinder respectively. The test results are shown in 
Fig.4, in which, the thickness is 1.9mm for the abrasive 
disk with diameter 180mm, 2.6mm for the abrasive disk 
with diameter 125mm, 30mm for the abrasive bowl with 

diameter 75mm, 43mm for the steel wire brush with 
diameter 125 mm and 30mm for the steel wire brush 
with diameter 75 mm. 

1) Influences of shapes on the viscous power loss 

From Fig.4 it can be seen that the viscous power loss of 
the steel wire brush with diameter 75mm and thickness 
30mm is much larger than that of the abrasive bowl with 
the same diameter and thickness and the former is 3.4 
times larger than the latter when the rotary speed is 
1900rpm. 

Fig.5 The influences of roughness on the viscous power loss 
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Fig.4 Viscous power loss of different tools with different scales and shapes
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2) Influences of diameter on the viscous power loss  

The viscous power loss of the abrasive disk with 
diameter 180mm is much larger than that of the one with 
diameter 125mm and the value of the former is 2.4 times 
larger than that of the latter when the rotary speed is 
1900rpm even the thickness of the latter is larger than 
that of the former 

3) Influences of roughness on the viscous power loss  

In order to research the influences of roughness on the 
viscous power loss, a diamond and a corundum disk with 
the same diameter 125mm were tested. Compared with 
the diamond abrasive disk, the corundum disk is rougher. 
The test results are shown in Fig.5.

Fig.6 Comparison of the theoretical and experimental fitting values 

4. DISCUSSIONS 

According to the data from the test, an experimental 
formula of the viscous power loss for abrasive disk can 
be obtained by curve fitting as follows.  

       (6) 53.223.3148.017 )(1072.2 dnKPs

In which, K=
d

4
 is the thickness coefficient, n is the 

rotary speed and d is the diameter of disks. 
This formula can be compared with formula (4) which is 
obtained according to theoretical deducing. Taking a disk 
with diameter 180mm and thickness 1,9mm as the 
example, the results are shown in Fig.6. It can be seen 
that the value according to formula (6) is larger than the 
one from formula (4) when the rotary speed is high and 
this trend become larger with the increasing of rotary 
speed. These differences can be caused by the roughness 
of disks. Formula (4) is deduced without considering the 
influences of roughness. However, from Fig.6 it can be 
seen that roughness has obvious influences on the 

According to the above an

viscous power loss of disks. 

alysis, the efficiency of a 

loss 

he flow is laminar if 

rotary seawater hydraulic underwater tool system 
(SWHUTS) can be estimated. Supposing the rated 
pressure and flow rate of the power source of the 
SWHUTS is 12MPa and 25L/min respectively and so the 
output power is 5kW. The pressurized seawater is output 
to the tools by a hose of 160m long and 13mm inner 
diameter. The velocity in the hose is 3.14m/s and the 
flow is turbulent. The viscous pressure loss in the hose is 
1.37MPa (the viscosity of seawater is about 1 mm2/s at 
20 ) and so the power loss of the hose is 0.57 kW.  
Apart from the power loss of the hose, the power 
due to the viscosity of seawater is 0.67kW for the 
abrasive saw with 200 mm diameter and 2000 rpm rotary 
speed, which can be calculated according to formula (4). 
So the total power loss is 1.24 kW for both the hose and 
viscous restriction of seawater. The total efficiency of the 
SWHUTS is not more than 75.2%. 
For the same flow rate and hose, t
the working media are mineral oil (the viscosity is about 
32 mm2/s at 20 ) and the viscous pressure loss is 
3.59MPa in the output line and 7.18 MPa in the output 
and return lines together, which means a power loss of 
2.99 kW and so the total power loss is 3.66kW for both 
the hose and viscous restriction of seawater. The total 
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efficiency of the SWHUTS is about 27%. Therefore, the 
SWHUTS using seawater as the working media has 
higher efficiency than the one using oil as the working 
media and is more suitable for the deep sea work[6]. 
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ABSTRACT

Internal gear pumps have significant advantages over other types of pumps, such as, compact structure, less sensitive to 
contaminants, good suction capability, little flow pulsation, low noise level and long durability. However, owing to the 
nature of low viscosity, poor lubricity and strong corrosion of water, the performances of water hydraulic internal gear 
pumps are completely different from the oil ones and the design principles of oil pumps are not suitable any more. Until 
now, no water hydraulic internal gear pump is successfully developed in the world. Floating plate is the key component 
of internal gear pump, which ensures the compensation of wear and high volumetric efficiency. Based on experiment 
results and finite element analysis, this paper illustrates the factors of the failure of floating plate. Finally, optimization 
of floating plate is proposed, which can improve the performance of the pump.

KEY WORDS

Water hydraulic, Internal gear pump, Floating plate, Friction and wear

NOMENCLATURE

a : compensation pressure chamber
Fp : pressing force
Fr : reverse pressing force
Ab : area of compensation pressure 

chamber...
Ah : area of high pressure chamber
n : ratio of pressing force and

reverse pressing force...

INTRODUCTION

Water hydraulics plays an important part in fluid power 
systems, which uses filtered tap water or sea water as 
working medium and has extraordinary advantages over 

traditional oil hydraulics like environmental friendliness,
no-fire risk, low cost and so on. Water hydraulic pump 
is the fundamental components in water hydraulic 
systems and decides the performance of systems. A lot 
of investigations have been implemented about water 
hydraulic pumps [1, 2, 3]. With the advantages of high 
volumetric efficiency, variable displacement and low 
requirement for PV value, piston pump has become the 
main structure type of water hydraulic pumps.
Nonetheless, the inherent characteristics of piston pump,
such like, complex structure, numerous components, 
poor suction capability, sensitive to contaminants, large
flow pulsation, high noise level and so on, restrict the 
application of water hydraulic technology in some fields
seriously.
Internal gear pump is a new-born type of fluid power 
component and wildly applied in modern industry fields
recently. Compared to the conventional pumps, internal 
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gear pump has significant advantages, such as, compact 
structure, less sensitive to contaminants, good suction 
capability, little flow pulsation, low noise level and long 
service life, which make it welcomed in the occasions
placing particular attentions on high control accuracy, 
environment noise level, safety and reliability. However,
because of the nature of low viscosity, poor lubricity 
and strong corrosion of water, the performances of 
water hydraulic internal gear pumps are completely 
different from the oil ones and the design principles of 
oil pumps are not suitable for water ones any more. 
Until now, no water hydraulic internal gear pump is 
successfully developed in the world.
As illustrated in Figure 1 [4], an internal gear pump is 
mainly composed of a pinion 3 (gear shaft), a internal 
gear 2 meshing with the pinion eccentrically, a crescent 
6, which has arc-shaped walls cooperating with the tips 
of the pinion and the internal gear teeth thereon in 
defining pressure chambers and radial seals, and two 
pieces of floating plates 5 arranged on both sides of the 
gears to form axial seals. Statistics show that 75%~80% 
of internal leakage of gear pumps is caused by failure of 
axial seals [5]. It s easily to understand that floating
plate has a direct impact on performances of internal 
gear pump and is the key component of the pump.

Figure 1 Section view of internal gear pump

OPERATION PRINCIPLE

In the middle-pressure and high-pressure gear pumps, 
plates are arranged on both sides of the gears to form 
axial seals with the aim to reduce internal leakage and 
obtain high volumetric efficiency. According to the 
operation principle, plates can be divided into three 
kinds: floating plate, flexible plate and fixed plate.
Floating plate has a small hole connecting high pressure 
chamber with compensation pressure chamber which is
located on the back surface of the plate. By this means,
floating plate can utilize the output pressure to push
itself firmly onto the gear surfaces so as to compensate 
the gap between the plate and gears. Flexible plate has a 
similar operation principle with floating plate. The 

difference lies in that flexible plate depends on its 
deformation, which is caused by the output pressure, to 
compensate the gap. Literally, fixed plate has no 
movement or deformation and can t compensate the 
gap.
As mentioned above, internal gear pump employs 
floating plates to keep a good performance, operation 
principle of which is illustrated in Figure 2 [4]. There is 
a compensation pressure chamber a, defined by seal 
component 8, located on the back surface of floating 
plate 5. With a hole connecting compensation pressure 
chamber with high pressure chamber, pressing force Fp
is brought about, which pushes floating plate onto the 
gears. In order to form the effective axial seas between 
floating plate and gears, pressing force Fp should be 
great enough to overcome the reverse pressing force Fr
produced from the high pressure chamber, which pushes 
floating plate away from surface of gears. In the 
meanwhile, pressing force should not be too large to 
increase the frictional power loss and speed wear failure 
of floating plate. According to the design principle of oil 
gear pumps, the amount of pressing force should be 
equal to or almost equal to that of reverse pressing force, 
the ratio of which usually takes a value from 1.0 to 1.1
[5]. Through this method, the load acting on floating 
plate can be fully neutralized or almost fully neutralized,
which ensures both good axial seals and little frictional 
power loss.

Figure 2 Illustration of operation principle of
floating plates

EXPERIMENT

As the gap between floating plate and gears is very 
small, frictional failures, such like scratch, wear and 
burn, are easily to occur under conditions of incorrect 
design or wrong operation. Scratch is usually caused by 
the hard particles mixed in the fluid, for example, metal 
scraps cut off from the soft component. These particles 
are embedded on the interface between floating plate 
and gears and plough through the surface of floating 
plate as the gears rotate. Wear usually refers the 
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semi-circle or circle traces ground by the gears on 
floating plates, which is mainly caused by the over-large 
amount of pressing force acting on floating plates. Burn 
mostly takes place on the interface between floating 
plate and gears. When the frictional force on the 
interface between floating plate and gears is large, 
surface temperature will rise rapidly, lubricant film will 
be crushed and hardness of surface metal will be 
reduced. Consequently, a cycle of adhesion, tear and 
adhesion happens, which is called the phenomenon of 
burn. Burn is the most severe damage of floating plate 
and leads to the rapid decrease of volumetric efficiency 
of the pump, which can make the pump lose the 
capability of work in a very short time.
With mineral oil as working medium, a thin layer of oil 
film will be formed on the interface between floating 
plate and gears, which separates them from contacting 
directly and makes a good lubricated movement, when 
the pump operate under normal conditions. In this 
situation, failure of floating plate is usually caused by 
machining error and assembly error. Compared to oil, 
water has lower viscosity and poorer lubricity, which 
makes good lubrication very difficult to achieve. The 
kinematic viscosity of water is only 1/30 of that of oil at 
the same operation conditions [1]. Hence, gap between 
floating plate and gears must be much smaller than that 
of oil pump to obtain a sufficient volumetric efficiency. 
However, smaller gap will cause direct contact between 
floating plate and gears, which leads to serious wear 
failure. At the same time, floating plate is usually made 
of copper alloy, hardness of which is softer than that of 
structure steel which gears is made of, and is much 
likely to get hurt.
To verify the analysis mentioned above, experiment is 
designed and carried out, which takes an oil pump as 
test pump and water as working medium. The test pump 
has a delivery of 10mL/rev and rated pressure of 16MPa 
measured in the oil. The water hydraulic test rig is 
shown in Figure 3 and the hydraulic scheme of test rig 
is illustrated in Figure 4 [6].

Figure 3 Water hydraulic test rig

Figure 4 Hydraulic scheme of test rig

Test pump 1 is driven by motor 2, speed of which is 
regulated by frequency converter 3. Proportional relief 
valve 9, together with throttling valves 10.1 and 10.2, 
provides the variable load for test pump. The operating 
pressure and output flow can be measured by pressure 
transducer 4 and flow meter 13, respectively. The 
working medium used in the test rig is tap water and is 
purified through filters 6.1, 6.2 and 6.3.

Figure 5 Pressure at speed of 1500rev/min

Figure 6 Volumetric efficiency after wear happens
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(a) back floating plate  (b) front floating plate   
Figure 7 Worn floating plates

Figure 5 shows that operating pressure of the pump can 
reach 12.1MPa at speed of 1500rev/min. However, a 
rapid pressure-fall occurs and the operating pressure is 
reduced to 6.1MPa in about 6 seconds. As illustrated in 
Figure 6 [6], volumetric efficiency only can only keep at 
a rather low level after wear failure happens, which is 
approximately 60% at pressure of 1.0MPa~5.0MPa and 
46.8% at pressure of 6.0MPa. Figure 7 shows floating 
plates, which include the back floating plate and the
front floating plate, are severely worn and can t form 
axial seals, which leads to the rapid loss of pressure.

ANALYSIS

The amounts of two forces acting on each floating plate
equal the product of output pressure and area of the 
pressure chamber, respectively. Hence, areas of the 
pressure chambers are measured in order to obtain the 
amounts of pressing forces acting on floating plates.
However, the shape of high pressure chamber is always 
changing owing to the meshing movement of the gears. 
Given that the shape of high pressure chamber varies in 
a rather small range, we can assume that the area of 
high pressure chamber is a constant value and an instant 
of meshing movement is chosen to analyze the pressing 
force and the reverse pressing force acting on floating 
plates. Figure 8 shows the shape of high pressure 
chamber at the given instant and Figure 9 shows the 
shapes of compensation pressure chambers of floating 
plates (marked in green color). Then, we can obtain data 
of these areas as depicted in Table 1 [6].

Figure 8 View of high pressure at a given instant

(a) back floating plate  (b) front floating plate   
Figure 9 Areas of compensation pressure chambers

As illustrated in Table 1[6], the ratio of pressing force 
and reverse pressing force is 1.87 for back floating plate 
and 2.39 for front floating plate. Both of them are larger 
than the conventional design value 1.0~1.1, which 
indicates that pressing forces acting on floating plates 
are too large, which is likely to cause badly wear failure,
just like the experimental results show.

Table 1 Data of areas of pressure chambers

Ab/mm2 Ah/mm2 n
back floating plate 630 337 1.87
front floating plate 502 210 2.39

With the help of Ansys Workbench, a FEA model is built 
to analyze working conditions between floating plates 
and gears. According to Table 1, the pressing force 
acting on back floating plate is larger than that acting on 
front floating plate. Therefore, the back surface of front 
floating plate, which doesn t contact with the gears, is 
pushed onto the pump body when the pump is operating.
Hence, a fixed support is applied on the back surface of 
front floating plate. At the same time, a pressure of 
12.1MPa is applied to the areas of pressure chambers 
and two no-separation contacts are built up among 
touching surfaces. The model is illustrated in Figure 10.

Figure 10 The FEA model of floating plates and gears

worn areas
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Results of contact stress are shown in Figure 11. Clearly, 
contact stress is much larger at the zone of high pressure 
chamber and the contact stress on back floating plate is 
larger than that of front floating plate. 

(a) back floating plate

(b) front floating plate

Figure 11 Results of contact stress

Figure 12 The chosen point to calculate PV

PV is usually taken as an index to evaluate the frictional 
status of contact pairs with sliding movement. When the 
PV value exceeds the allowable one, wear failure is 
likely to occur. Based on the results of contact stress, we 

choose a point which is located on back floating plate 
and with a smaller PV value and a lower sliding velocity
to analyze, as shown in Figure 12. With a contact stress 
of 4.82MPa and a distance from rotation center of 
14.8mm, PV value at this point is obtained:

PV=4.82MPa×14.8mm×1500rev/min=11.2MPa·m·s-1

According to Mechanical Design Manual, the allowable 
PV value of copper is 6.25 MPa·m·s-1 and clearly PV 
value of the picked point is almost two times of that,
which indicates that wear failure occurs at that point.
Since the other points at high pressure chamber have 
larger contact stress and higher sliding velocity, wear 
failure must occur, which leads to axial failure and 
serious internal leakage.

OPTIMATION

Based on analysis mentioned above, wear failure of 
floating plate is mainly caused by the large amount of 
pressing force. Obviously, it s helpful to reduce the area 
of compensation pressure chamber so as to get a proper 
ratio of pressing force and reverse pressing force. The 
shapes (marked in blue color) and data of improved 
compensation pressure chambers are shown in Figure 
13 and Table 2, respectively.

(a) back floating plate  (b) front floating plate   

Figure 13 Areas of improved compensation 
pressure chambers

Table 2 Data of areas of improved pressure chambers

Ab/mm2 Ah/mm2 n
back floating plate 403 337 1.20
front floating plate 273 210 1.30

Meanwhile, as plastic has a good frictional performance 
sliding with metal and also can work with water, a kind 
of polymeric plastic with higher strength and PV value, 
PEEK, is chosen to build the floating plate. The material 
characteristics of PEEK are depicted in Table 3 [7].
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Table 3 Material characteristics of PEEK

Density/g.cm-3 1.44
Tensile yield strength/MPa 100
Tensile ultimate strength/MPa 134
Young s modulus/GPa 10.1
Poisson s ration 0.4
Allowable PV/ MPa·m·s-1 13.23

The results of contact stress of improved floating plates 
are illustrated in Figure 14. Compared to Figure 11, the 
range of higher contact stress is smaller. Also, the 
average of contact stresses is about 12MPa in high 
pressure chamber and is a little less than that of floating 
plate before, which is about 13MPa. Considering the 
allowable PV value of PEEK is almost two times of that 
of copper, frictional performance of the optimized
floating plates is much better. Taking the same point 
illustrated in Figure 12 to analysis, we get contact stress 
of this point as shown in Figure 14 and PV value of this 
point is calculated:

PV=3.57MPa×14.8mm×1500rev/min=8.30MPa·m·s-1

(a) back floating plate

(b) front floating plate

Figure 14 Results of contact stress

Figure 15 The chosen point to calculate PV

The PV value of the chosen point doesn t exceed the 
allowable PV of PEEK, which is 13.23 MPa·m·s-1 as 
illustrated in Table 3. Clearly, working condition of 
floating plate has been improved, which will guarantee
a better performance of the pump. However, PEEK isn t
as strong as metal. The application of PEEK will 
increase the risk of failure caused by large deformations 
of floating plates. Figure 16 shows the results of 
deformation and the largest deformation is about 
0.005mm. Further researches need to be done. 

(a) back floating plate

(b) front floating plate

Figure 16 Results of deformation
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CONCLUSION

In this paper, performance of internal gear pump with 
water as medium is investigated through experimental 
analysis. By means of finite element method, factors of 
failure of floating plates are discussed and optimization
is also proposed. Some conclusions are presented:
1) owing to special nature of water, design principles of 
oil internal gear pumps doesn t suit water hydraulic
ones any more.
2) floating plate is one of the weakest components to 
fail in water hydraulic internal gear pump.
3) working conditions of floating plate can be improved 
by decreasing area of compensation pressure chamber 
and taking plastic to build plates. However, usage of 
plastic also increases the risk of failure caused by 
deformation of plates.
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ABSTRACT 

Water hydraulic components and systems, using “tap water” as their fluid power source, are very hygienic and 
environmentally friendly. Because of their controllability to high output power, they are expected to be utilized as a 4th 
and new driving method after the conventional methods of oil hydraulic, pneumatic and electric power.  The authors 
have also demonstrated through experiments that frequency characteristics of the proportional control valve using tap 
water could be approximated by a second-order lag system, and that the damping restriction could effectively work on 
the transient property of the valve. Furthermore, the analytical verification based on the above experimental results 
indicated that the second-order lag system appeared due to multiple factors including the solenoid thrust, the flow force, 
the damping force, and the property of a compensation circuit. This paper verifies the effect of various design 
parameters on the frequency characteristics through experiments and analyses. 

KEY WORDS

Water Hydraulics, Proportional Control Valve, Tap Water, Frequency Response 

NOMENCLATURE 

μ : Viscosity [Pa s] 
ν : Kinematic viscosity [m2/s] 
ρ : Density [kg/m3] 
λ : Pipe friction coefficient [-] 
θ : Jet angle [degree] 
Lb, LNT : Length of orifice [m] 
Lbn, LbT : Length of annular clearance [m] 
DSPL : Diameter of spool 
Db : Diameter of hydrostatic bearing [m] 
Dn : Diameter of damping orifice [m] 
x : Spool displacement [m] 
Ps, Pa, Pb, Pt: Pressure of supply, A, B, and return 

port[Pa] 
PL : Load pressure [Pa] 

QNT0 : Flow rate through damping restriction at the 
equilibrium point [m3/s] 

C : Flow coefficient 

INTRODUCTION

Water hydraulic components and systems, using “tap 
water” as their fluid power source, are very hygienic and 
environmentally friendly. Because of their controllability 
to high output power, they are expected to be utilized as 
a 4th and new driving method after the conventional
methods of oil hydraulic, pneumatic and electric power. 
Their potential markets could be extensive, including 
food and beverages, semiconductors, medicines and 
pharmaceuticals, cosmetics, chemicals, natural energy 
technologies, and underwater applications. As a 
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fundamental technology, one of the water hydraulic 
components that enables water hydraulic systems to meet 
the requirements of sophisticated control of power, speed 
and positioning is the water hydraulic solenoid 
proportional control valve [1]. In previous papers, the 
authors demonstrated the effects of various design 
parameters on valve performance through experiment 
and analysis of static characteristics at a supply pressure 
of 14 MPa [2], and through experiment of dynamic 
behavior and analytical verification based on the 
experimental results [3]. These results further 
demonstrated that frequency characteristics of the valve 
represent the characteristics of a second-order lag system 
due to multiple factors including characteristics of 
solenoid thrust, mechanical and fluid characteristics of 
valve, and compensation circuit characteristics. This 
paper focuses on the effects of various parameters of the 
water hydraulic solenoid proportional valve on frequency 
characteristics and aims to have effective design policies 
to improve valve performance and achieve system 
optimization based on experimental and analytical 
verification. 

STRUCTURE AND FEATURES 

Figure 1 shows the structure of a water hydraulic 
solenoid proportional valve. Table 1 shows the main
specifications of the valve. 
Since low viscosity tap water is used as working fluid, it 
is difficult to form a water film between sliding surfaces. 
Therefore, the spool of this valve is supported by 
hydrostatic bearings at both ends and allowed to move 
without contact inside the sleeve, since it has a structure 
that reduces friction and wear due to sliding contacts. 
The spool is positioned by the solenoid thrust and spring 
forces. While a general solenoid valve is structurally 
supported by compression springs at both ends of the 
spool, this valve uses an extension spring. The use of the 
extension spring can reduce the moment and lateral 
forces generated in the case of supports provided at both 
ends and obtain the full effects of hydrostatic bearings. 
The solenoid thrust is generated only in the extension 
direction, but not in the contraction direction of the rod. 
Consequently, when the spool is displaced in the 
extension direction, the solenoid thrust operates 
predominantly, and when the spool is displaced in the 
opposite contraction direction, the spring force operates 
predominantly. 
A damping restriction is provided in the return line from 
pressure chambers at both ends of the spool to improve 
stabilization of the valve. By providing a damping 
restriction in this location, the valve has a meter-out 
circuit for a hydraulic system connected to the pressure 
chambers controlling the spool operation, and therefore 
an effective damping action can be achieved despite low 
viscosity. 
Figure 2 shows a block diagram of the system 

components in the valve. This valve can be divided into 
components, including a compensation circuit, solenoid, 
and valve, the transfer function of which is referred to as 
C(s), S(s), and P(s), respectively. To improve valve 
performance, spool displacement is detected by a 
differential transformer which provides feedback to
control the position of the spool with a compensation 
circuit using a PI control. 

Extension spring

SpoolSleeve

SolenoidLVDT

Hydrostatic bearing

Damping orifice

PsA BT T

Damping orifice

Extension spring

SpoolSleeve

SolenoidLVDT

Hydrostatic bearing

Damping orifice

PsA BT T

Damping orifice

Figure 1 Structure of valve 

Table 1 Specifications 

+/-10Input voltage                              [V]

Tap waterWorking fluid

2 to 50Operating temperature range [deg C]

14Rated pressure                         [MPa]

3.5 to 14Operating pressure range     [MPa]

20Rated flow rate                   [L/min]

SpecificationItem

+/-10Input voltage                              [V]

Tap waterWorking fluid

2 to 50Operating temperature range [deg C]

14Rated pressure                         [MPa]

3.5 to 14Operating pressure range     [MPa]

20Rated flow rate                   [L/min]

SpecificationItem

Input signal,
u(s) Solenoid

S(s)
Valve
P(s)

Displacement,
x(s)

Thrust force,
FSOL

Current,
i

Compensation
circuit, C(s)

Controller

Figure 2 Block diagram 

TRANSFER FUNCTION 

Figure 3 shows an illustration of the parameter definition 
for an analysis model. Taking into consideration that 
according to the results of experimental verification 
presented in the previous papers, the valve system has 
the characteristics of a second-order lag system and the 
solenoid thrust has the characteristics of a first-order lag 
system, transfer functions are derived on the basis of the 
following assumptions [2]: 
(a) Water viscosity is constant because of its low 
dependence on temperature. 
(b) Control openings provide orifice flow. 
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Figure 3 Parameter definition 

Valve Transfer Function P(s) 
The system is given with a solenoid thrust FSOL as input 
and a spool displacement x as output relating to spool 
movement of the valve. Considering the frequency range 
used for the solenoid valve, because experiments 
indicated that mass effects are insignificant at the 
moving parts of the valve, the motion equation for this 
system is expressed as equation (1), where FU is the 
viscous resistance, FF is the flow force, FSP is the spring 
force, and FP is the pressure force at both ends of the 
spool. 

PSOLSPFU FFFFF +=++  (1) 

iKF SOLSOL ⋅=  (2) 

SOLK : Constant of proportion of solenoid thrust; 

i : Current 

xKF SPSP ⋅= (3) 

SPK : Spring constant 

SPLNBNAP A)PP(F −=  (4) 

NBNA P,P : Pressure at both ends of spool; 

SPLA : Spool cross-sectional area 

•

⋅= xFU Γ (5) 

Γ : Coefficient of viscous resistance 

xFF ⋅= β (6) 

β : Coefficient of flow force 

By considering the flow at hydrostatic bearings, the flow 
force at control openings, the flow at the annular 

clearance between the spool and the sleeve, the viscous 
resistance, and the damping resistance in the pressure 
chambers at both ends of the spool, and taking the 
Laplace transform of equation (1) after linearization of 
the experimental equilibrium points, the transfer function 
P(s) is obtained and expressed in a standard form of a 
first-order lag element, as formulated in equation (7), 
where the coefficients are defined in equations (8)
through (15). In this regard, however, the damping 
resistance for hydrostatic bearing restriction and 
damping restriction is calculated considering the 
experimental results and the Reynolds number by 
applying empirical formulas of choke restriction and 
Blasius, respectively. 

( ) ( )βξΓ ++−
==

SPSOL Ks)s(F

)s(x
)s(P

1  (7) 

δ

μπ
Γ

⋅⋅
+= SPL

bTbn

D
)LL(
2  (8) 

bN

SPLA

αα
ξ

⋅
=

22 (9) 

)cot()PP(LC LSW θβ −⋅⋅⋅= 8  (10) 

1−−
−+

=
bN

N

bbTbN

bN

α

α

ααα

α
α  (11) 

λρ

π
α

⋅
=

0

52

16 NTNT

N
N QL

D  (12) 

bN

SPL
bN L

D

⋅⋅

⋅⋅
=

μ

δπ
α

12

3
 (13) 

b

b
b L

D

⋅⋅

⋅
=

μ

π
α

32

4

 (14) 

bT

SPL
bT L

D

⋅⋅

⋅⋅
=

μ

δπ
α

12

3
 (15) 

-0.250.3164 Re⋅=λ  (16) 

ν
NwD

Re = (17) 

2
04

N

NT

D

Q
w

π
= (18) 

In the above equations, w is the flow velocity at the 
restriction, and QNT0 is the flow rate passing through the 
restriction at the equilibrium point. 
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Solenoid Thrust Transfer Function S(s) 
The characteristics of solenoid thrust are approximated 
by equation (19) using the experimental results of 
frequency characteristics of a stand-alone solenoid for a 
first-order lag transfer function, where τSOL is time 
constant and KSOL is proportional constant. Figure 4 
shows comparison between measured experimental 
results and analytical values obtained by equation (19) 
for the solenoid thrust. 

s
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Experimental

Anal tical
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Experimental

Anal tical
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Figure 4 Frequency characteristics of solenoid thrust 

Compensation Circuit Transfer Function C(s) 
The transfer function C(s) for a compensator, which
provides feedback of spool displacement to control the 
position of the spool using a PI control, is defined by 
equation (20) using proportional gain kP and integral 
time TI. 
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Transfer Function for a Valve System 
By using the transfer functions P(s) and S(s) obtained 
above, the transfer function V(s) for a solenoid valve 
excluding the compensator is expressed in a standard 
form of a second-order lag element, as formulated in 
equation (21). In this regard, however, the natural
angular frequency ω, the damping coefficient ζ, and the 
proportionality factor K are defined in equations (22) 
through (24). 
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Therefore, the resonant frequency as a solenoid valve is 
determined based on the ratio of spring constant KSP, 
fluid spring constant β, and damping force (Γ ξ), and 
time constant τSOL of the solenoid. Furthermore, the loop 
transfer function VSYS(s) including the PI compensator 
can be expressed by a multi-order lag element, as 
formulated in equation (25). 
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EXPERIMENTAL METHODOLOGY 

Figure 5 shows schematically the configuration of the 
frequency response testing apparatus. 
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Figure 5 Experimental methodology 
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The neutral point of the valve has been adjusted, and the 
opening of the stop valve is controlled to set the load 
pressure difference PL between A and B ports at 7 MPa 
as an experimental equilibrium point with an input signal 
of 50%. The input signal is a sine wave of voltage at 
50%+/-10%. The input signal u and the spool 
displacement x are measured to calculate amplitude ratio 
and phase lag by FFT analysis. 
All tests were conducted with a supply pressure of 14 Ma 
and a water temperature of 25°C +/-5 °C. 

RESULTS AND CONSIDERATIONS 

Effect of Proportional Gain 
Figure 6 shows frequency characteristics of proportional 
gains ranging from 0.7 to 7 [kP]. Other common 
conditions are as follows: damping restriction diameter 
of φ = 0.6 and integral gain of TI = 0.03. The results 
show that the frequency response characteristics 
generally represent the characteristics of a second-order 
lag system, both experimentally and analytically. The 
experimental values and the analytical values obtained 
under each condition are not always quantitatively fully 
consistent, but sufficiently represent the qualitative 
characteristics. As the proportional gain kP increases, the 
responsiveness improves to be in the high frequency
range. As the proportional gain is smaller, the difference 
between the analytical results and the experimental
results increases in the high frequency range. The reason 
of this result may be the inertial effect arising in the 
moving parts of the valve. The experimental results and 
the analytical results show that the frequency response 
characteristics of a second-order lag system are evident 
overall. 

kP=7kP=1.9
kP=0.7

Integration time: TI=0.03[sec]
Orifice dia.: =0.6

kP=7

kP=1.9

kP=0.7

Marks: Experimental
Dotted lines: Analytical

kP=7kP=1.9
kP=0.7

Integration time: TI=0.03[sec]
Orifice dia.: =0.6

kP=7

kP=1.9

kP=0.7

Marks: Experimental
Dotted lines: Analytical

Figure 6 Effect of proportional gain 

Generally, a proportional control valve is used with a 
frequency of approximately 10 Hz or less; however, 

according to the results obtained in this experiment, the 
responsiveness of this valve can be improved, where a 
frequency is approximately 20 Hz at the resonant point, 
by controlling the proportional gain, and the scope of 
application to the system can be expected to expand. 

Effect of Integral Time 
Figure 7 shows an example of the experimental results 
and the analytical results on frequency characteristics of 
integral time ranging from 0.1 to 0.01 [TI, sec]. Other 
common conditions are as follows: damping restriction 
diameter of φ = 0.6 and proportional gain of kP = 7. As a 
comparison, the experimental results obtained in the case 
of TI = 0.03 [sec] are also plotted. 
The results show that there is no significant change in the 
characteristics when TI is 0.1 to 0.03 [sec], but the 
resonant peak increases and phase lag tends to increase 
when TI is between 0.03 and 0.01 [sec]. By decreasing 
the integral time, resonance is more likely to occur, but 
the phase lag improves to be measured at a higher 
frequency. 
Therefore, the results show that integral time has effect 
on frequency characteristics. 

Analytical: TI=0.1[sec]
Analytical: TI=0.03[sec]

Analytical: TI=0.01[sec]

Proportional gain:kP=7
Orifice dia.: =0.6

Experimental: TI=0.03[sec]

Analytical: TI=0.1[sec]
Analytical: TI=0.03[sec]

Analytical: TI=0.01[sec]

Experimental: TI=0.03[sec]

Analytical: TI=0.1[sec]
Analytical: TI=0.03[sec]

Analytical: TI=0.01[sec]

Proportional gain:kP=7
Orifice dia.: =0.6

Experimental: TI=0.03[sec]

Analytical: TI=0.1[sec]
Analytical: TI=0.03[sec]

Analytical: TI=0.01[sec]

Experimental: TI=0.03[sec]

Figure 7 Effect of integral time 

Effect of Damping Restriction 
Figure 8 shows the results on the effect of damping
restriction on frequency characteristics. The restriction 
diameter is φ = 0.45 and φ = 0.6, and other common 
conditions are as follows: proportional gain of kP = 1.9 
and integral gain of TI = 0.03 [sec]. The experimental 
results show that the resonant frequency shifts to a lower 
frequency as the orifice diameter is smaller, indicating 
that damping force has an effect on frequency 
characteristics. 
As a restriction hole diameter is smaller, the 
responsiveness shifts to be in the lower frequency range 
and the resonance is observed in the characteristics. The 
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reason for this result is considered to be that, as the 
frequency rises, the quantity of flow through the 
restriction increases and has more effect on the damping 
force, and additionally that the redundant damping force 
is yielded with respect to the integration constant, as 
expressed in Fig. 8. 

Proportional gain : kP=1.9
Integration time:TI=0.03[sec]

Orifice dia. =0.6

Orifice dia. =0.45

Orifice dia. =0.6

Orifice dia. =0.45

Marks: Experimental
Dotted line: Analytical

Proportional gain : kP=1.9
Integration time:TI=0.03[sec]

Orifice dia. =0.6

Orifice dia. =0.45

Orifice dia. =0.6

Orifice dia. =0.45

Marks: Experimental
Dotted line: Analytical

Figure 8 Effect of damping restriction 

CONCLUSIONS 

The following results are obtained by the experimental 
and analytical verification of the effects of various 
parameters of the water hydraulic solenoid proportional 
valve on frequency characteristics: 
(a) The responsiveness can be improved, where a 
frequency is approximately 20 Hz at the resonant point, 
by controlling the proportional gain, and the scope of the 
application to the system can be expected to expand. 
(b) By decreasing the integral time, resonance is more 
likely to occur, but the phase lag can be improved to be 
measured at a higher frequency. 
(c) The resonant point shifts to a lower frequency as the 
damping restriction becomes smaller, and the valve has a 
meter-out circuit for hydraulic system connected to the 
pressure chambers controlling the spool operation, and 
therefore an effective damping action can be achieved 
despite low viscosity. 
According to the above results indicating that parameters, 
such as proportional gain, integral time, and damping 
restriction, have effect on frequency characteristics, 
effective design policies are defined to further improve 
valve performance and achieve system optimization. 
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ABSTRACT

This study aims at the optimization of an attenuator and the improvement of linearity of the main flow rate of water for 
Water Hydraulic High-speed Solenoid Valve. In this study, the parameters of optimum attenuator are defined, and 
verified experimentally. And the experiment of position control using a water hydraulic cylinder is performed to
confirm whether the control performance is improved by the new HSSV. Though proportional poppet and attenuator 
improved the pressure oscillation of the control chamber, the linearity of main flow rate of water became worse than 
before changing the structure. In this study, the linearity of main flow rate of water is improved by adjusting a shape of 
control window which controls the pilot flow rate of water. Effect of new shape of window is verified experimentally.

KEY WORDS

Key words, Water hydraulics, Poppet valve, High speed solenoid valve, Attenuator

NOMENCLATURE

Q : Pilot flow rate [L/min]
C : Flow coefficient of pilot valve [ ]
A : Cross sectional area of pipeline [mm2]
ps : Supply pressure [MPa]
pa : Pressure in attenuator [MPa]

: Density of water [kg/m3]
V : Volume of attenuator [cm3]
Ke : Equivalent bulk modulus [GPa]
t : Time [s]

INTRODUCTION

Recently, there has been great interest in the water 
hydraulic systems because they are not harmful to the 
environment. As a flow control valve of the water 
hydraulic systems, which have as high dynamic 
performance as the oil hydraulic systems, a PWM 
controlled water hydraulic high-speed solenoid valve 
(HSSV hereafter) with a two-stage mechanism has been 
developed by Park et al [1], which is shown in Fig.1. The 
flow characteristic of the main valve corresponding to 
the PWM duty ratio is linear because the main poppet 
valve repeats an on-off motion according to PWM 
signals. The on-off motion of the main poppet valve 

605

Proceedings of the 8th JFPS International
Symposium on Fluid Power, OKINAWA 2011

Oct. 25-28, 2011

2C4-4

Copyright © 2011 by JFPS, ISBN 4-931070-08-6



strikes at the poppet seat and at its stroke end once every 
cycle of the PWM signal. Resultantly, large noise and 
shock are generated. To reduce that, an attenuator and 
proportional poppet has been applied by Minematsu et al
[2]. 
In this paper, the optimum attenuator is built. In addition,
the experiment of position control is performed using 
HSSV having the optimum attenuator for the best control 
performance.
Also, though proportional poppet and attenuator reduced 
noise and shock, the linearity of the flow rate 
characteristic is sacrificed to some degree. A new shape 
of the window of control orifice to improve the linearity 
of main flow rate and to reduce the noise simultaneously 
is introduced.

Figure 1 Water hydraulic HSSV

OPTIMIZATION OF ATTENUATOR

In this section, the optimum attenuator is defined as the 
smallest chamber which makes the main poppet valve 
not to hit the valve seat in all duty ratios. The 
optimization is necessary because the rapid response of 
the main poppet valve and the reduction of pressure 
oscillation in control chamber are a trade-off. The larger 
the attenuator is, the worse the response of the main 
valve is.
Figure 2 shows the experimental circuit. HSSV is 
divided into the pilot valve and the main valve. 
Attenuator, orifice, and control chamber are inserted 
between the pilot valve and the main valve. 
Displacement of the main valve is experimentally 
measured using the valve with attenuator and control 
chamber of various sizes. In this experiment, PWM 
signal whose duty ratio is less than 50% is given under 
the supply pressure of 10MPa.

Figure 2 HSSV with attenuator for experiment

Under the conditions shown in Tabel 1, the displacement 
of the main valve is measured. Appropriate size of the 
attenuator and the control chamber which enable to 
reduce the pressure oscillation is verified in 
Measurement 1 to 5. The diameter of the orifice used in 
this experiment is 0.6mm.

Table 1 Conditions of Measurements 1 to 7

Volume of control 
chamber [ml]

Volume of 
Attenuator [ml]

Meas 1 170 0
Meas 2 0 170
Meas 3 340 0
Meas 4 0 340
Meas 5 170 170
Meas 6 0 170
Meas 7 0 340

Figure 3 and 4 show the results of measurements 1 to 5.
The volume of the attenuator influences the reduction of 
pressure oscillation in the control chamber. Meanwhile, 
the volume of the 
sufficiently. From these results, only the attenuator is 
larger, it is possible to reduce the pressure oscillation.
Figure 5 shows the results of measurements 6 and 7. The 
pressure oscillation in measurement 7 using the larger 
volume is smaller than that of in 6. From this 
measurement, it is concluded that the larger the volume 
of the attenuator is, the smaller the pressure oscillation in 
the control chamber is. Meanwhile, the rising time of the 
main poppet valve of measurement 7 is 20ms longer than 
that of measurement 6 as shown in Fig.6.
Therefore, the optimum attenuator is revealed by 
increasing the volume of the attenuator gradually. As 
shown in Fig.7, it was revealed that the volume of the 

Attenuator

Orifice

Control chamber
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optimum attenuator is 200ml. In this case, the main 
poppet valve doesn t hit the valve seat even in low duty 
ratio.

Figure 3 Results of measurements 1 and 2

Figure 4 Results of measurements 3, 4 and 5

Figure 5 Results of measurements 6 and 7

Figure 6 Comparison of displacement response

Figure 7 Displacement of main poppet with optimum
attenuator

Although the volume of the attenuator is optimized, this 
volume is too large. If the volume of water in the 
attenuator increased , the rising pressure can be 
determined from the volume of the attenuator V and the 
equivalent bulk modulus of the attenuator Ke. In this 
study, is reduced by making the volume of the 
attenuator larger. Therefore, such a large volume is 
necessary.
This is explained through the following equations and an 
experiment. 
The flow rate passing through the pilot valve is given by

)(2 as ppCAQ (1)

The flow rate considering the equivalent bulk modulus of 
the attenuator Ke is expressed as
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dt
dp

K
VQ a

e

(2)

Using Eq. (1) and Eq. (2), the pressure response in the 
attenuator pa can be expressed as in Eq. (3).

2

2 2
4
1

s
e

sa pt
V

CAKpp (3)

The pressure response in the attenuator pa was acquired 
in the experiment. Figure 8 shows the experimental setup.
The experiment was performed under 10MPa. Figure 9
shows the result. 
By calculating from the equations and the result of the 
experiment, the equivalent bulk modulus of the 
attenuator Ke is 1.15GPa. The large volume of the 
attenuator is necessary to reduce the pressure oscillation 
in the control chamber because of its large bulk modulus.
The volume of the attenuator is able to be reduced by 
reducing the bulk modulus of the attenuator.

Figure 8 Experimental setup

Figure 9 Pressure response

POSITION CONTROL OF WATER HYDRAULIC 

CYLINDER USING THE NEW VALVE

Position control experiment of water hydraulic cylinder 
under supply pressure of 10MPa has been performed to 
measure control performance and to estimate the effect 
of the improvement of HSSV.
Figure 10 shows the experimental setup. The cylinder 
has a single rod and its pressurized area ratio is 1:2. An 
accumulator is connected to the rod-side chamber of the 
cylinder. HSSV is connected to the inlet of head-side
chamber of the cylinder, and the orifice whose diameter 
is 1.1mm is also connected to it. The cylinder moves
according to the flow rate supplied from HSSV. In this 
experiment, a step signal or stationary signal is given as 
a reference, and the position of cylinder is controlled by 
PI control method.

Figure 10 Experimental setup

Figure 11 shows stationary responses of the cylinder. 
Comparing new HSSV and original HSSV, the response
of cylinder is steady with the first one, since there is a 
difference in pulsation amplitude of the main flow in low 
duty ratio between valves. In original HSSV (without 
attenuator), the main valve hits the valve seat in low duty 
ratio. Therefore, the pulsation amplitude of main flow is 
larger and the position of cylinder becomes unstable. On 
the other hand, in new HSSV (with attenuator), the 
pulsation amplitude of the main flow is small because 
main valve does not hit the valve seat. As a result, the 
stationary response of cylinder is stable.
Figure 12 and 13 show step responses of the cylinder. By 
original HSSV, response of the cylinder shows vibration
because of the large pulsation, and because of the long
periodical oscillation too. On the other hand, by new 
HSSV, the response is steady but it is a little lower than 
the reference, since a certain amount of water constantly 
flows out from the orifice. Therefore, its position is a 
little lower than reference.
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Figure 11 Comparison of displacement response

Figure 12 Step Response by HSSV without attenuator

Figure 13 Step Response by HSSV with attenuator

CONSIDERATION OF MUTUALITY BETWEEN 

DISPLACEMENT OF MAIN POPPET VALVE AND 

PILOT FLOW RATE

As shown in Fig.1, the HSSV is composed of a main 
valve and a pilot valve. The pilot valve is controlled by a 
PWM signal, which supplies a pilot flow rate according
to the duty ratio of PWM signal. Displacement of the 

main poppet valve which generate main flow rate
corresponds to the pilot flow rate. As shown in Fig.14,
pilot flow is composed of the leakage which passes 
through the clearance between the sleeve and the main 
poppet, and the control flow provided from the control 
window. Leakage through the clearance is constant. 
Therefore, the displacement of the main poppet valve 
corresponds to the opening area of the control orifice 
which supplies the control flow.

So, it is possible to adjust the displacement of main 
poppet by adjusting the shape of control window.
Concept of displacement and control window of main 
poppet is shown in Fig.15. The smaller the width of 
control window is, the higher the displacement of main 
poppet is.

Figure 14 Water flow around main poppet

Figure 15 Relationship between displacement of main 
poppet and width of control window

MEASUREMENT OF THE MAIN FLOW RATE 

USING THE MAIN POPPET VALVE WITH THE 

NEW CONTROL WINDOW

As shown in Fig.16(b), a new built main poppet valve is 
manufactured, which improves the linearity of the main 
flow rate.
The main flow rate has been measured using new HSSV 
and original HSSV under supply pressure of 10MPa 
(Fig.17). Comparing the main flow rate by original 
HSSV and by new HSSV, the latter is a little larger than 
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the former because of accuracy of fabrication. However, 
the linearity of the main flow rate by new HSSV is 
improved in whole duty ratio.
It was revealed that the linearity of the main flow rate is 
able to be improved by adjusting the shape of the control 
window and the displacement of the main poppet valve.

(a) Original window (b) New window
Figure 16 Control window of main poppet

Figure 17 Average main flow rate by duty ratio

CONCLUSION

The optimum attenuator is investigated, and the smallest 
possible attenuator with which the poppet does not hit 
the valve seat has been developed.
From the experiment of position control of a water 
hydraulic cylinder, it is revealed that the position of 
actuator follows the reference accurately by the 
improvement of HSSV discussed in this study.
Method of adjusting the shape of control window of
main poppet has been proposed to improve the linearity 
of main flow rate of HSSV. The main flow rate of HSSV 
with new shape of control window was measured. As a 
result, the improvement of linearity of main flow rate by 
adjusting the shape of control window has been verified.
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ABSTRACT

This study aims to develop a complex hybrid 3D robot with parallel links driven by the nonlinear pneumatic servo 
system for path tracking control. The mechanical system and the control system are the primary parts for developing a 
complex hybrid 3D robot. In the mechanical system, a complex hybrid 3D robot contains serial manipulators, parallel 
links, base plates, a movable platform and a pneumatic servo system. Based on the structure design theory of the robot 
mechanism, the structure is analyzed and the end-effector of the robot can move a 3D motion in the X-Y-Z coordinate 
system. According to the characteristics of the mechanism, the inverse kinematics and the forward kinematics of the 
robot are proposed by the coordinate transformation theory. The pneumatic actuators for the three axes are modeled by 
including the dynamics of the pneumatic servo valve and the cylinder. In the control system, the control scheme is 
applied to follow the computed trajectory for real-time control. In order to improve path tracking accuracy for a 
complex hybrid 3D robot, a Fourier series-based adaptive sliding mode controller with H
(FSB-ASMC+ H
controller first employs a Fourier series-based functional approximation technique to estimate the dynamic models and 
time-varying uncertainties of the system. Next, further efforts are made to improve the dynamic tracking performance 
by combining the H -mode control method to make the derived controller 
robust against approximation errors, un-modeled dynamics and disturbances. To verify the usefulness, simulations and 
experiments are carried out on a complex hybrid 3D robot based on the proposed methods. The results show that the 
complex hybrid 3D robot is successfully implemented with different path tracking profiles. 
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INTRODUCTION

As labor wages increase rapidly, more and more 
countries have developed various kinds of robots to 

make our lives much easier. Robot is a kind of 
mechanism which can operate automatically with its 
components and programs. Robots are widely used in 
automobile, mechanical, semiconductor, electronic, and 
food and beverage industries, and have gradually 
replaced the labor force [1]. In these industries the 
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predominant robots used are called “industrial robots,” 
which consists of serial type robots and parallel type 
robots. The serial type robot which consists of links 
sequentially connected forming an open chain, due to its 
components’ structure and placement, is able to operate 
within a much larger scope, and has high flexibility. 
However, the serial type robot has some intrinsic 
disadvantages such as the low accuracy affected by the 
accumulated errors at each joint and links, and the poor 
stiffness for handling heavier loads. On the contrary, the 
parallel type robot which has the end-effector connected 
to the fixed base by multiple kinematic chains has high 
ratio of rigidity to weight, high stiffness, high accuracy, 
and is able to carry heavier loads. The main drawbacks 
of the parallel type robot have a smaller workspace 
because of its structural design, complex kinematics 
analysis, and the closed-loop architecture [2-4, 15]. As a 
result, in order to complement human workers, the 
characteristics of high response, high accuracy and good 
stiffness are necessary for the robots. In recent years, for 
many applications, parallel type robots which represent 
an approach to accomplish many of these needs have 
become more popular in the industries due to their 
advantages over serial type robots, for example, high 
stiffness, high motion accuracy and high load-structure 
ratio [20-21]. 
Having been developed since 1950s, the pneumatic 
actuator system has become one of the most common 
actuators and been widely used in the industries, such as 
automation systems, which, for actuators, emphasize 
reliability, cost, cleanness, simplicity, easy maintenance 
and safety in operation. In recent years, the accessibility 
of low-cost microprocessors and pneumatic components 
has made the use of more complicated control methods 
in pneumatic system control possible. Many researchers, 
hence, have started using pneumatic actuators, such as 
servo-controlled pneumatic systems [16-19], to work on 
more complicated motion control tasks and are quite 
suitable to be applied in robotic fields [5-7]. Although a 
pneumatic actuator is inexpensive and simple, when 
compared with electro-mechanical actuators of equal 
power, it is still not competitive in a few applications 
that demand accuracy, versatility, and flexibility. This is 
due to some inherent disadvantages of a pneumatic 
actuator, including its nonlinearity, its low natural 
frequency resulting from low stiffness of the air 
compressibility, and its complexity in control because of 
its low damping associated with nonlinearities, 
time-varying effects, and position dependency. As a 
result, the pneumatic servo system which is a highly 
nonlinear system and hard to acquire accurate 
mathematic models [9] result in the pneumatic servo 
control much more complicate. 
Research in the field of pneumatic servo control has 
been developed in 1960s. Some control algorithms like 
PID, state-space and adaptive control in pneumatic 
servo systems were developed via higher speed 

microcomputers in the 1980s. In recent years, due to the 
development of modern control theories, the problems 
of the pneumatic servo control have gradually been 
solved [10-12] [14]. The sliding-mode control (SMC) 
method has been adopted to handle system nonlinear 
behaviors, model uncertainty, and bounded disturbances 
[22-23]. However, the conventional SMC method is 
model-based and, hence, is dictated by a varying system 
model and uncertain parameter values of the system in 
designing a controller. To deal with these uncertainty 
problems, several Fourier series-based functional 
approximation techniques have been used. Huang et al. 
[24] suggested an adaptive sliding controller using a 
Fourier series-based functional approximation technique 
to handle a nonlinear system containing time-varying, 
uncertain parameters. Tsai and Huang [13] proposed a 
FAT-based adaptive controller for pneumatic servo 
systems with variable payload and uncertain 
disturbances. Chiang et al. [8] proposed a Fourier 
series-based adaptive sliding-mode controller with H
tracking performance (FSB-AFSMC+ H ) for the 
rod-less pneumatic cylinder system. The proposed 
method not only is robust against approximation errors, 
disturbances, and un-modeled dynamics but also 
guarantees a desired H tracking performance for the 
overall system.
The aim of the present paper is to develop and 
implement a complex hybrid 3D robot with parallel 
links via nonlinear pneumatic servo system for path 
tracking control. In this paper, the structure of this 
complex hybrid 3D robot is shown. This paper describes 
a complex hybrid 3D robot with three vertical rod-less 
pneumatic cylinders combined with parallel links, such 
that the end-effector moves in a three dimensional 
coordinate system via path tracking control. Then, the 
kinematic analysis methods are proposed. As to the 
robot structure, it is designed by vertical rod-less 
pneumatic cylinders with parallel links, so that it is hard 
to calculate the kinematics of the robot. Thus, a kind of 
robotic coordinate system- Denavit-Hartenberg notation 
(D-H notation) coordinate system is proposed for 
solving the kinematics of the robot which includes 
forward kinematics and inverse kinematics. Also, the 
continuous path tracking control algorithm is proposed. 
Because the rod-less pneumatic cylinder have high 
nonlinearities, the accurate mathematic models of the 
servo pneumatic system are hard to obtain, so that it is 
quite difficult for path tracking control. Therefore, the 
intelligent controller based on a Fourier Series-based 
adaptive sliding mode controller with H
performance is proposed. The results show that the 
proposed complex hybrid 3D robot with parallel links 
via nonlinear pneumatic servo system was implemented 
and verified experimentally. 
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TEST RIG LAYOUT

The test rig layout was set up as shown in Figures1 and 
2. The test system which was a three-degree-of-freedom 
hybrid parallel robot with parallel links via nonlinear 
pneumatic servo system for path tracking control is 
presented in this paper. The complex hybrid 3D robot 
primarily comprised the mechanical part and the 
pc-based control unit part. In the mechanical part, a
complex hybrid 3D robot consisted of a three axes 
parallel mechanism robot which had three vertical axes 
arranged at 120 to each other with parallel links for 
end-effector in a three dimensional motion, and a 
pneumatic servo system which was a driving device for 
driving the robot with a pneumatic source, rod-less 
pneumatic cylinders, and proportional servo valves. The 
rod-less pneumatic cylinder, model DGC-25-500 
FESTO AG, with a piston diameter of 25mm and a 
stroke of 500mm was used for three vertical axes. The 
proportional servo valve was made by FESTO AG with 
model MPYE-5-M5-010-B for each vertical axis. In the 
pc-based control unit part, experimental software,
optical linear scales, an AD/DA interface card and a 
counter card were included. The air pressure was set up 
as five bars and the pc-based control unit part via 
AD/DA interface card controlled pneumatic servo 
valves to proper the robot. The end-effector moved in 
the three dimensional motion via parallel links driven by 
rod-less pneumatic cylinders. In addition, optical linear
scales m were necessarily 
installed for each vertical axis to measure the loading 
mass’s position that was the sum displacement of the 
pneumatic cylinder. The measured signals of the optical 
linear scales were fed back to pc-based control unit part 
via a counter card. The pc-based control unit part was 
implemented on a PC with interface cards which 
contained an AD/DA interface card and a counter card. 
The control signals of the proportional servo valves 
were from the pc-based control unit part with the 
sampling time of 1ms via an AD/DA interface card, and 
the control law was computed by a 32-bit Open Watcom 
C language program.

SYYSTEM ANALYSIS

Because of the development of high technology, the fast 
motion and precisely accurate plate are demanded. In 
this paper, the complex hybrid 3D robot with parallel 
links via nonlinear pneumatic servo system for path 
tracking control was implemented. The robot which was 
driven by three vertical rod-less pneumatic cylinders
can make the end-effector move a 3D motion in the 
X-Y-Z coordinate system that perform high precision,

1.Air Source 2.Valve 3.Air Preparation 
Unit

4.Pc-Based 
Controller 5.Interface Card 6.Proportional 

Servo Valve

7.Optical 
Linear Scale

8.Rod-less 
Pneumatic 
Cylinder

9.Complex Hybrid 
3D Robot

Figure 1 The layout of the complex hybrid 3D robot

Figure 2 Prototype of the complex hybrid 3D robot
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stiffness and high response. Furthermore, the robot 
consisted of a movable platform through three parallel
links connected to the three vertical pneumatic cylinders. 
Each chain contained a link and joints activated by a 
rod-less pneumatic cylinder. The motion of the 
end-effector on the movable platform was transmitted 
through three chains with links, joints and actuators. In 
this section, kinematics of the complex hybrid 3D robot, 
dynamic models of the pneumatic servo system and 
controller design are presented.

Kinematics AAnalysis

The complex hybrid 3D robot contains a movable 
platform connected to a base plate through three parallel 
kinematic chains activated by the vertical pneumatic 
actuators. The motion of the mobile platform is 
transmitted by links and joints. In order to analyze the 
kinematic model of the robot, D-H notation [25] was 
used to resolve the geometric relation and acquired the 
inverse and forward kinematics. Figure 3 showed the 
coordinate frames of the system. P0 to P7 are denoted 
by different coordinate frames. 

Figure 3 the coordinate frames of the complex hybrid 
3D robot with parallel links via nonlinear pneumatic 

servo system
(a) Inverse Kinematics

The inverse kinematics analysis is mainly that given the 
pose of the end-effector of the moveable platform in a 
Cartesian space to calculate all possible set of actuated 
inputs and joint angles that achieve that given pose. In 
the inverse kinematic model, the inverse kinematics can 
be stated as that given the end-effector pose and the 

parameters of the robot, find the actuators moving. In 
order to analyze the inverse kinematics, the D-H
notation method is used for solving the relationship of 
the elements on this system. The D-H notation 
transformation is described by the following four 
parameters

ia : the distance from 
iZ to 

1iZ measured along 
iX

i : the angle from 
iZ to 

1iZ measured about 
iX

id : the distance from 
1iX to 

iX measured along 
iZ

i : the angle from 
1iX to 

iX measured about 
iZ

The link transformations which define that frame {i} is 
relative to the frame {i-1} will be a function of the four 
parameters. We obtain the general form of 1n

nT :
1n

nT

1

1 1 1 1

1 1 1 1

cos sin 0
sin cos cos cos sin ( sin )
sin sin cos sin cos cos

0 0 0 1

i i i

i i i i i i i

i i i i i i i

a
d

d

Then, the link transformations can be multiplied 
together to find the single transformation that relates 
frame {N} to frame {0}:

0 0 1 2 1
1 2 3 ...N

N NT T T T T                                        
0
NT is a function of all n joint variables and the Cartesian 
pose of the last link will be computed. Table 1 shows 
the link parameters of the complex hybrid 3D robot. As 
a result, let P7 be an end-effector located on the moving 
platform, and then the mathematic models of this 
system in the inverse kinematics have three chains 
kinematics as follows

A chain kinematics: 
0 0 1 2 3 4 5 6
7 1 2 3 4 5 6 7( ) ( ) ( ) ( ) ( ) ( ) ( ) ( )A A A A A A A AT T T T T T T T

B chain kinematics: 
0 0 1 2 3 4 5 6
7 1 2 3 4 5 6 7( ) ( ) ( ) ( ) ( ) ( ) ( ) ( )B B B B B B B BT T T T T T T T

C chain kinematics: 
0 0 1 2 3 4 5 6
7 1 2 3 4 5 6 7( ) ( ) ( ) ( ) ( ) ( ) ( ) ( )C C C C C C C CT T T T T T T T

Table 1 Link parameters of the complex hybrid 3D 
robot
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Now, by the link parameters and each chain kinematics, 
the inverse kinematics of the system can be obtained as 
follows

3 47 sin( ) cos( )A AhA b Pz L            (1)                            

3 47 sin( ) cos( )B BhB b Pz L             (2)                                   

3 47 sin( ) cos( )C ChC b Pz L             (3)                                      

1
3

4

3 17 7
2 2cos
cos( )A

A

R r a Px Py

L

(4)                                

1
3

4

3 17 7
2 2cos
cos( )B

B

R r a Px Py

L

(5)                               

1
3

4

7cos
cos( )C

C

R r a Py
L                  (6)                                 

1
4

7 3 7sin
2A

Px Py
L        (7)                                         

1
4

7 3 7sin
2B

Px Py
L           (8)                             

1
4

7sinC
Px

L                    (9)                           

where hA, hB, hC are the position of the joint along A
B C rod-less pneumatic cylinder, b is the distance 
between the end-effector and the centroid of the load, 
(Px7, Py7, Pz7) is the pose of the end-effector, L is the 
length of the parallel link, 3A , 3B and 3C are the joint 
angle of the P3 on each chain, 4A , 4B and 4C are the 
joint angle of the P4 on each chain, R is the distance 
between the centroid of the bottom plate and each 
rod-less pneumatic cylinder, r is the distance between 
the centroid of the load and the P5 joint, and a is the 
width of the slide on the rod-less pneumatic cylinder.

(b) Forward Kinematics

The forward kinematics is to compute the pose of the 
end-effector of the manipulator from the known set of 
the actuated inputs to the unknown pose of the output 
platform. The forward kinematics can be stated as that 
given the actuators moving and the parameters of the 
robot, find the end-effector pose. Therefore, by the 
inverse kinematics, the mathematic models of the 
forward kinematics can be as follows

47 sin( )CPx L                              (10)            

4 37 cos( )cos( )C CPy R r a L           (11)            

3 47 sin( ) cos( )C CPz hC b L           (12)            
where the unknown parameters are the location of the 
end-effector P7=[ Px7, Py7, Pz7] to be determined for 
given joint angles.

Controller Design 
In the rod-less pneumatic servo system, the servo 
valve’s orifice opening area depends on the control 
input to affect the air flow. When the air flows into the 
rod-less pneumatic cylinder, the pressure difference 
between two cylinder chambers is caused and results in 
the motion of the pneumatic cylinder. In order to 
analyze the rod-less pneumatic servo system, the 
dynamic models of the rod-less pneumatic servo system 
are derived. The dynamic models of the pneumatic 
servo system primarily comprise four parts the 
dynamics of the pneumatic servo valve, the mass flow 
rate of the pneumatic servo valve, the continuity 
equation and the motion equation. The state equations of 
the pneumatic servo system is achieved as follows 

1 2

3 4 1 2 1 2 3 4 1
2

2 3 0 3
3

1 1

2 4
4

1

( ) ( )
( ( ) ( ))sg n ( ( )) ( ) ( ( )) ( ( ), ( ), ( )) sg n ( ( ))

( )

ˆ( ) ( ) ( ) ( ( ), ( ), ( ))( )
( ) ( ( ) )

( ) ( )( )
( )

f S c

s d s e

x t x t
Ax t Ax t x t K x t K x t S x t x t x t Mg x t

x t
M

kx t x t kRT C C wu t f x t P t P tx t
x t A x t

kRTkx t x tx t
l x t

0 4

1

ˆ( ) ( ( ), ( ), ( ))
( ( ) )

s d s eC C wu t f x t P t P t
A l x t

                                         (13)            
where

A : Piston area ( 2m ) ,
51 10eP : Exhaust 

pressure ( 2/N m )

dC =0.8: Discharge 
coefficient,

55 10sP : Supply 
pressure ( 2/N m )

0C : Flow constant,
sT =293 : Cylinder air 

temperature ( K )
:The general residual 

chamber volume,
k =1.4 : Specific heat 
constant

fK : Viscous frictional 
coefficient,

V : Volume ( 3m )

atmP : Atmospheric pressure 

( 2/N m ),

w : Port width ( m )

l : Stroke ( m ) and  
[0, ]x l ,

M : Payload (kg)

rp :Ratio between down-
and up-stream pressure,

uP : Up-stream pressure 
( 2/N m )

287R :Universal gas 
constant /( )J kg K ,

dP :Down-stream 

pressure ( 2/N m )
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In this study, FSB-ASMC+ H was developed for the 
pneumatic servo system on each axis to solve the high 
non-linearity and time-varying problems. The 
FSB-ASMC+ H contains the Fourier series-based 
adaptive sliding mode controller and H tracking 
performance design technique. The Fourier series-based 
adaptive sliding mode controller can handle the high 
non-linear and time-varying problems. Furthermore, the 
H tracking performance design technique is proposed 
to overcome the function approximation errors, 
un-modeled dynamics, disturbances, and to reduce the 
chattering effect affected by sliding control.
A general nonlinear system is shown as follows
y(t) ()( Fn

x, () gt x, )() tut                (14)                                  
where y(t) is the output of the system, (F x, )t and 

(g x, )t are unknown time-varying function, and u(t) is 
the control input of the system. The functional 
approximation technique approximate the 
functions (F x, )t and (g x, )t , and Eq. (14) can be 
rewritten as 
y(t) ()(n

W
T
F q ())()( tt FF W

T
g q )())()( tutt gg

(15)
where W T

F q )(tF and W T
g q )(tg are approximations to 

the uncertain time-varying functions ( , )F tx and 

( , )g tx , and )(tF and )(tg are the truncation errors 
of the approximations of ( , )F tx and ( , )g tx . Define 
the output error as 

)()()( tytyte m                           (16)                                                 
where )(tym is a given bounded reference signal. The 
sliding surface is described as 

)(...)()( )1(
21 teteateas n

        (17)                                      
where ia are chosen such that n

i

i
ia

1

1 is a Hurwitz 

polynomial. In addition, the H tracking performance 
design technique is proposed to reduce the chattering 
effect affected by sliding control. Therefore, the control 
input is chosen as

1 1
( )

1 ( 1) 2
1 1

ˆ ( ) ( ) ( ) ( )
2( ) ˆ ( )

W q

W q

n n
T n
F F i i n i i m

i i
T
g g

st a e t p e t y t
u t

t

(18)
              

where ˆ T
FW and ˆ T

gW are the estimations of W T
F and W T

g ,

inp )1( being elements of P satisfies the Lyapunov matrix 

equation 1 1
T

A P PA Q and 0 is the design 
constant for attenuation level.

EXXPERIMENTS

The objective of this paper is to develop a complex 
hybrid 3D robot with parallel links via nonlinear 
pneumatic servo system for path tracking control. In 
order to confirm the feasibility of the system 
development, the experiments for the end-effector in 
different tracking trajectories via a pneumatic servo 
system are implemented respectively. In this section, a 
ball trajectory is presented for the path tracking control 
in the three dimensional motion.

Ball TTrajectory
In the ball trajectory experiment, the end-effector moves 
along a ball trajectory with a specific diameter in the 
three dimensional space for path tracking control. 
Figure 4 show the experimental results of the path 
tracking control for the end-effector in a ball trajectory 
by FSB-ASMC+ H -effector firstly moves 
from (X, Y, Z)=(0,0,0) to (X, Y, Z)=(0,0,300) in 3 
seconds, and then moves along a ball trajectory with a 
diameter of 200mm in 12 seconds. The desired path and 
the system response of the end-effector in a ball 
trajectory are shown in Figure 4(a). Figure 4(b) shows 
the tracking errors of the end-effector in a ball trajectory, 
where the maximum tracking errors can reach about 
1.5mm. Figure 4(c), Figure 4(f) and Figure 4(i) show 
the desired paths calculated by the inverse kinematics 
and the system response for each axis in a ball trajectory. 
Figure 4(d), Figure 4(g) and Figure 4(j) show the 
tracking errors for each axis in a ball trajectory, where 
the maximum tracking errors can reach about 2mm. 
Figure 4(e), Figure 4(h) and Figure 4(k) show the 
control signals for each axis in a ball trajectory. 
Therefore, the desired tracking performance of the 
end-effector in a ball trajectory can be achieved. 

CONCLUSIONS

In this study, a complex hybrid 3D robot with parallel 
links via nonlinear pneumatic servo system is developed 
and successfully implemented for path tracking control. 
In order to implement the motion of the robot, D-H
notation is proposed to resolve the kinematics of the 
robot and a FSB-ASMC+ H
overcome the nonlinearities, and the time-varying 
problems of the pneumatic servo system. For further 
confirming the viability of the development on the 
system, the ball trajectory, is implemented 
experimentally. Finally, the experimental results clarify 
that the complex hybrid 3D robot with parallel links via 
nonlinear pneumatic servo system is successfully for 
path tracking control.
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Figure 4 Experimental result of tracking control with 
ball trajectory (a) system response of an end point (b) 
tracking error of an end point (c) system response of 

A-axis (d) tracking error of A-axis (e) control signal of 
A-axis (f) system response of B-axis (g) tracking error 

of B-axis (h) control signal of B-axis (i) system 
response of C-axis (j) tracking error of C-axis (k) 

control signal of C-axis
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ABSTRACT

This paper presents the first prototype of pneumatically-driven forceps manipulator using a simple flexible joint for future
miniaturization. A high performance spring component with wire actuation is employed for two-degree of freedom (DOF)
bending joint, and two-DOF tendon drive system is implemented by four pneumatic cylinders. Using a continuum model
for the kinematics, PD controller with static and dynamic compensation is designed for the position control, which shows
a good performance with sufficient working frequency for surgical operations. In addition, the forceps manipulator can
estimate external forces using disturbance observer. A link approximation model is introduced to design the observer as
the first intuitive approach. The force estimation can be achieved with an accuracy of 0.2 N in the basic straight posture.

KEY WORDS

Forceps manipulator, Pneumatic drive, Flexible joint, Force estimation

INTRODUCTION

In robotic assisted minimally-invasive surgery, miniatur-
ization of manipulators with multi-degree of freedom
(DOF) is a key technology to improve patients’ qual-
ity of life, and also to enable advanced surgical tech-
niques such as single port access surgery and micro-
surgery. Here the most critical issue is the mechanism
of dexterous joints. Previous developments of miniatur-
ized surgical manipulators employed rigid link joints with
wire-actuation[1][2]. Rigid link mechanisms certainly
provide structural stiffness and good controllability for
manipulation. However, from a practical viewpoint, the
complicated structure due to a lot of components may in-
crease the cost of manufacturing and maintenance. This
work therefore aims at simplification of the dexterous

joint mechanism for enhanced miniaturization.
Elastic and continuum mechanisms[3][4] have a great ad-
vantage of the simple structure. Unlike rigid link mech-
anism, extra small parts such as shafts, bearings and pul-
leys are not needed, hence these are suitable for miniatur-
ization. Simaan et al. proposed the multi-backbone con-
tinuum robot and developed manipulators with redundant
DOFs for advanced surgical techniques[5][6]. However
the continuum robot still has some guide disks to be as-
sembled, and inherently has a structural weakness toward
torsional loads.
On the other hand, force feedback is also very important
for safer manipulation and more successful operation[7].
Though forceps manipulators with embedded force sen-
sors were developed[8][9], these are hard to be any fur-
ther miniaturized. Xu and Simaan investigated the in-
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Figure 1 Overview and joint mechanism of the forceps
manipulator.

trinsic force sensing capabilities of the multi-backbone
continuum robots[10]. These works also required force
sensors in the actuation unit placed in patient side,
which makes the system large and complicated. Our
approach is to estimate external forces using pneumatic
driving force and identified dynamics of the forceps
manipulator[11][12]. No force sensor is needed in pa-
tient side, taking advantage of the high back-drivability
of pneumatic driving system.
In this work, we have developed a prototype of
pneumatically-driven forceps manipulator using a highly-
simplified flexible joint combined with the intrinsic force
sensing technology. A high performance spring compo-
nent is employed for the joint structure, which provides
two-DOF bending mechanism with wire actuation. The
position control system based on the kinematic and the
dynamic modeling are designed, and its basic control per-
formances are investigated. In addition, the force estima-
tion algorithm using disturbance observer is introduced
and the experimental results in specific cases are reported.

Table 1 Properties of the spring component.

Material SUS303

Whole length 27 mm

Outer diam. 10 mm

Spring const. 2.5 N/mm

Bending range ±60 deg

DESIGN OF THE FORCEPS MANIPULATOR

An overview of the developed forceps manipulator is
shown in Figure 1. Whole length of the manipulator is
450 mm and diameter of the insertable portion is 10 mm.
In the driving part, four pneumatic cylinders (CJ2QB10-
15, SMC) are equipped, which can directly drive the flex-
ible joint by wires. Positions of the cylinder rod are
measured by linear potentiometers. The tip part has a
two-DOF bending flexible joint and a gripper. We have
employed a spring component for the joint part, which
is a fully-integrated, high performance spring manufac-
tured in cutting work including attachment parts. The
spring component enables the joint mechanism to be
greatly simplified, therefore it provides a high potential
for miniaturization as well as the cost reduction and ease
of maintenance. Moreover, the excellent torque transmis-
sibility of the spring is also a big advantage for surgi-
cal manipulation. Table 1 shows properties of the spring
component used for the prototype of forceps manipulator.
For the joint actuation mechanism, as shown in Figure 1,
four stainless steel wires are passed into each guide hole
drilled in the spring, which constitute two-DOF tendon
actuation system. Furthermore, a backbone of φ0.7mm
NiTi super-elastic wire is added to prevent compression
of the spring. This reinforcement enhances the joint stiff-
ness and back-drivability of wire-tendon actuation. The
forceps manipulator can be operated with being installed
on the four-DOF supporting manipulator developed in
our previous work[12].

PNEUMATIC DRIVING SYSTEM

The forceps manipulator has two-DOF tendon drives with
four pneumatic cylinders. Figure 2 shows a schematic of
one-DOF pneumatic tendon-drive system. Each cylinder
is driven and controlled by a servo valve (MPYE-M5-B
SA, FESTO) with 5 ports. In order to describe the state of
the tendon drive, we introduce two-DOF parameters, the
actuation length d = [dx, dy]

T and the actuation force
w = [wx, wy]

T , which are obtained from the cylinder
rod position X and pneumatic driving force F of the
cylinders, respectively. In this study, d is determined by
selecting the cylinder in more pulled condition of each
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Figure 2 Schematic of one-DOF pneumatic tendon drive
system.

Figure 3 Block diagram of the pneumatic force control
system for one cylinder.

tendon joint because the push-pull actuation is assumed
to be symmetric in the flexible joint. w is calculated by
taking the difference between pneumatic driving forces
of the cylinder pair at each tendon joint. In the case of
Figure 2 about the one-DOF system, the introduced pa-
rameters are given as follows:

dx =

{
X1 (X1 ≤ X2)

−X2 (X1 > X2)
(1)

wx = F1 − F2 (2)

In the driving system, the cylinder rod positions X1, X2

are directly measured with potentiometers, and the pneu-
matic driving forces F1, F2 are calculated as follows:

F1 = A1P1 − Ā1P̄1

F2 = A2P2 − Ā2P̄2

(3)

where the symbols A, Ā denote pressure-receiving areas
of each cylinder, and the symbols P , P̄ denote pressures
measured on the output ports of each servo valve. Note
that the dynamic effect of pipelines from servo valves to
cylinders is not considered in this work.

Figure 4 Nomenclature and coordinates of a continuum
model.

The pneumatic driving forces are controlled based on the
tendon force distribution law that keeps more than mini-
mal tension of wires. In the case of Figure 2,

F1ref = F0 +
|wxref |+ wxref

2

F2ref = F0 +
|wxref | − wxref

2

(4)

where the subscript “ref” means the reference value, and
wxref is given by the joint position controller shown in
the next section. According to the distribution law, the
driving forces always become more than F0. Therefore,
the actuation wires can be kept tensioned, which main-
tains the back-drivability of the flexible joint. Figure 3
shows the pneumatic force control system for one cylin-
der. In this system, the input voltage u1 is calculated by
a PID controller to operate the servo valve. Experimental
result on the pneumatic force control is shown in the next
section.

JOINT POSITION CONTROL

Kinematic Modeling
In order to describe the kinematics, a continuum model
studied in the previous work[13] is introduced. In this
model, two-DOF joint position parameter q = [δ, θ]T

is defined, where δ denotes the bending direction and θ
denotes the bending angle depicted in Figure 4. These
are known as parameters of the spherical polar coordi-
nates. At the same time, some local coordinate frames
are defined: Spring-Base Coordinate Frame {xb,yb, zb},
Bending-Plane Coordinate Frame {x1,y1, z1}, Spring-
End Coordinate Frame {xe,ye, ze}, and Gripper Coor-
dinate Frame {xg,yg, zg}. Where xb and xg axes are
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Figure 5 Block diagram of the joint position control system.

set on the No.1 wire, and yb and yg axes are set on the
No.3 wires. Assuming that the flexible joint bends into a
circular shape and the wire tendon motion is symmetric,
the actuation length d is given as the forward kinematics
on the joint position:

d =

[
dx

dy

]
=

[
rθ cos δ

rθ sin δ

]
(5)

where r denotes radius of the wire arrangement. Solv-
ing the equations about q, the inverse kinematics can be
obtained:

q =

⎡
⎢⎣δ
θ

⎤
⎥⎦ =

⎡
⎢⎢⎢⎢⎣
tan−1

(
dy
dx

)

1

r

√
d2x + d2y

⎤
⎥⎥⎥⎥⎦ (6)

In addition, the joint position parameter q is transformed
into a parameter φ = [φx, φy]

T corresponding to each
tendon actuation system, which can be used as the control
parameter:

φ =

[
φx

φy

]
=

[
θ cos δ

θ sin δ

]
(7)

The forceps tip position pt expressed in the Spring-Base
Coordinate Frame is given as the forward kinematics:

pt =

⎡
⎢⎢⎢⎢⎢⎢⎢⎢⎢⎣

cos δ

(
L

θ
(1− cos θ) + Lg sin θ

)

sin δ

(
L

θ
(1− cos θ) + Lg sin θ

)

L

θ
sin θ + Lg cos θ

⎤
⎥⎥⎥⎥⎥⎥⎥⎥⎥⎦

(8)

where L and Lg denotes the length of flexible joint and
the length of gripper, respectively. In this work, the val-
ues L = 22 [mm] and Lg = 33 [mm] are used as shown
in Figure 1. The detailed derivation process of the tip
position is discussed in the previous work[13].

Dynamic Modeling
The joint dynamics Z is modeled in the tendon actuation
system:

Z = Mφ̈+Cφ̇+Dsign(φ̇) +K(q) (9)

The first term is the inertial term. It is sufficiently small
compared to the other terms, so it can be negligible in this
work. The second term comes from viscous friction and
the third term comes from coulomb friction. These co-
efficients C and D are experimentally determined. The
forth term is the potential term, which comes from static
mechanics of the flexible joint. The static mechanics
can be identified using the virtual work principle. First,
the instantaneous kinematics is obtained by taking time-
derivative of Equation (5):

ḋ = Jdq̇ ,

Jd =

[
rθ sin δ −r cos δ
−rθ cos δ −r sin δ

]
(10)

where the Jacobian matrix Jd is obtained. Second, con-
sidering generalized forces τq = [τδ, τθ]

T about the joint
position parameter, the relation between τq and the ten-
don actuation force w can be derived using the virtual
work principle:

τq = JTd w (11)

Assuming that the flexible joint can be modeled as a sim-
ple elastic rod, the elastic energy should be stored only
with the bending angle θ. Then, the static mechanics is
obtained by solving Equation (11) under the condition of
τδ = 0:[

wx

wy

]
=
τθ
r

[
cos δ

sin δ

]
= K(q) (12)

In this work, τθ is experimentally identified by linear ap-
proximation.

Design of the Control System
In Figure 5, the developed control system is shown as
a block diagram. The system employs a cascade con-
troller consisting of the outer loop for position control
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Table 2 Gain parameters used for the experiments.

Kpp 2.0 [N/rad]
(For both x and y axis)

Kpd 0.01 [Ns/rad]

Kap 0.20 [V/N]

(For all cylinders)Kai 2.0 [V/Ns]

Kad 0.001 [Vs/N]
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Figure 6 Experimental results of the joint position con-
trol with single DOF: joint position (upper) and pneu-
matic driving force of the cylinders (lower).

and the inner loop for pneumatic force control. Refer-
ence input of the joint position vector qref is transformed
into the angular parameter φref expressed in the tendon-
drive system by the function Φ as shown in Equation
(7). The parameters φref and φ are used for the feed-
back control, and the tendon actuation force wref are
calculated by a PD controller. Then, reference values
of the pneumatic driving force for each cylinder Fref =
[F1ref , F2ref , F3ref , F4ref ]

T are determined by the tendon-
force distribution law as shown in Equation (4). Further-
more, the feed-forward compensation Zff based on the
dynamic model is implemented to improve the control
response.

Position Control Experiment
The basic control performance was verified with some
position control experiments. The gain parameters used
for the experiments are shown in Table 2. First, the per-
formance of tendon-drive with single DOF shown in Fig-
ure 2 was investigated, where sinusoidal reference input
of the angle parameter φx was given and the minimum
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Figure 7 Experimental results of the joint position con-
trol with two DOFs. Input references are given as δref =
30◦, θref = −50◦ ∼ 50◦ at 2.0 Hz.

wire tension F0 was set to 0.5 N (see Equation (4)). Fig-
ure 6 shows the result: the time history of joint position
and pneumatic driving force. The control response of the
joint position was very good, and the driving forces of
the cylinders were kept above 0.5 N despite some oscilla-
tory responses. According to the result, desirable tendon
motion was achieved without critical slack of the wires.
Next, the performance of position control was verified
with two-DOF movement. Figure 7 shows the time
history of joint position, where sinusoidal input of the
bending angle θref was given in the bending direction
δref = 30◦. Although there were slight overshoots at the
frequency of 2.0 Hz, the controller showed good perfor-
mances as a whole. It can be said that the control band-
width is sufficient for surgical operations.

ESTIMATION OF EXTERNAL FORCE

Disturbance Observer
The external force applied to the forceps tip can be esti-
mated, developing a disturbance observer. The equation
of motion of the flexible joint can be written in the tendon
actuation system:

w +wext = Z (13)

where wext = [wxe, wye]
T denotes the external force on

the tendon actuations. As the actuation force w is ob-
tained from the cylinder driving force F and the joint dy-
namics Z is identified as Ẑ, the external force can be
estimated by the following equation:

ŵext = Ẑ − JaF (14)

where Ja denotes the transformation matrix from F to
w. Then, it is transformed to generalized force τ̂ext =
[τδe, τθe]

T using Equation (11):

τ̂ext = JTd ŵext (15)

In order to obtain external force f̂ext = [fx, fy, fz]
T ap-

plied to the forceps tip, Jacobian matrix Jt(3×2) from
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Figure 8 Concept of the link approximation in force es-
timation.

Figure 9 Block diagram of the disturbance observer.

the joint position q to the tip position pt is used in a
strict theory. However, it requires calculation of the
pseudo-inverse matrix, so numerical error propagations
may come up around the singular point, θ = 0◦. In
this work as the first practical approach, a link approx-
imation model is introduced for a kinematic alternative,
which provides more intuitive solution with low calcula-
tion costs. Figure 8 shows the concept of the link approx-
imation. In this model, two virtual link joints, rotational
and bending, are assumed to be set on the center of the
flexible joint. Based on this assumption, the generalized
forces τδ, τθ correspond to the torque around the virtual
link joints. Then the external forces qf̂ext = [fδe, fθe]

T

applied to the forceps tip in the direction of δ and θ are
easily and analytically calculated using a diagonal matrix
qJt:

qf̂ext =
(
qJTt

)−1
τ̂ext

=

⎡
⎢⎢⎣

rθ

� sin θ
(wx sin δ − wy cos δ)

−r
�
(wx cos δ + wy sin δ)

⎤
⎥⎥⎦ ,

qJt =

[
� sin θ 0

0 �

]
(16)

Figure 10 Experimental setup for force measurement.
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Figure 11 Result of the external force estimation with the
input references of δref = 0◦, θref = −30◦ ∼ 30◦ at 0.5
Hz: the corresponding joint position φx (upper) and the
external force (lower).

where � denotes the virtual link length and becomes
� = L/2 + Lg from the definition. Note that qf̂ext can
be defined even at the singular point θ = 0◦ using the
L’Hospital’s rule with δ = δref . The estimated forces
fδe, fθe is in the direction of ye axis and xe axis, respec-
tively (see Figure 4). Therefore, coordinate transforma-
tion of the vector ef̂ext = [fθe, fδe, 0]

T yields the exter-
nal force f̂ext expressed in the inertial frame:

f̂ext = (bRe)
ef̂ext (17)

where bRe denotes the transformation matrix from
the Spring-End Coordinate Frame {xe,ye, ze} into the
Spring-Base Coordinate Frame {xb,yb, zb}. The block
diagram of the disturbance observer is shown in Figure 9.

Experimental Verification
The performance of external force estimation was veri-
fied, as the first step, in straight posture of the flexible
joint. For the experiment, the forceps gripper was fixed to
a force sensor as shown in Figure 10. With this setup, si-
nusoidal reference inputs θref was given in a certain bend-
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ing direction δref . Figure 11 shows a result with the input
references of δref = 0◦, θref = −30◦ ∼ 30◦ at 0.5 Hz.
The deviation of the joint position from the reference sig-
nal was caused by the physical constraint at the forceps
tip. In this case, the force estimation could be achieved
within the error of 0.2 N. Critical estimation errors oc-
curred around the reference position of φx = 0◦ and
φx = ±30◦, which were caused by bucking phenomena
of the NiTi backbone. Despite the hardware problem, the
effectiveness of the disturbance observer using the link
approximation model has been experimentally verified at
least in the straight posture.

CONCLUSIONS

A prototype of pneumatically-driven forceps manipulator
with a simple flexible joint has been developed for future
miniaturization. The flexible joint mechanism consists
of a high performance spring component and a backbone
of NiTi super-elastic wire. Two-DOF wire tendon actu-
ation system was implemented by four pneumatic cylin-
ders, and the performance of joint position control was
sufficient for surgical operations. In addition, a distur-
bance observer based on the link approximation model
was designed, which can estimate the external force with
accuracy of 0.2 N in the straight posture. However, the
buckling phenomena of the NiTi backbone gave critical
errors of force estimation. Our future works are to im-
prove the hardware problem and to verify the force esti-
mation method in more general cases.
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ABSTRACT 

 
The purpose of this study is to construct a robot playing a soprano recorder that sounds like a human playing a soprano 
recorder. Recent years have seen the development of robots that entertain people by playing a variety of musical 
instruments. There have been many reports describing the musical expression of such robots, for example, that of robots 
with artificial lips for playing wind instruments. However, particularly when performing special musical effects, such as 
vibrato, tremolo, and tonguing, robots playing wind instruments often produce artificial sounds that differ considerably 
from those produced by their human counterparts. To build a soprano-recorder-playing robot that produces natural 
sounds matching those produced by a human player, this study employs unsteady flow rate measurements and control 
techniques. A spool type servo valve and a quick response laminar flow sensor (QFS), whose dynamic characteristics 
are calibrated using an unsteady flow rate generator, are applied for controlling the blown air for the developed 
recorder-playing robot. 

 
 

KEY WORDS 
 

Pneumatics, Flow Rate Measurement, Unsteady Flow Generator, Quick Response Laminar Flow Sensor, 
Recorder-playing Robot 

 
 
 

NOMENCLATURE 
 

E :  Control signal of servo valve 
f :  Frequency   
G :  Mass flow rate 
Gout :  Mass flow rate from  

unsteady flow generator 
Kv :  Flow rate gain of servo valve 
Lc :  Sound level 
P :  Pressure 

Pa :  Atmospheric pressure 
ΔP :  Differential pressure 
Q :  Flow rate (L/min ANR) 
Qref :  Set flow rate value 
t :  Time 
 

INTRODUCTION 
 

Due to the rapid development of robot technology in 
recent years, the number of applications of robots in 
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fields other than industrial fields has been increasing. 
Robots for entertaining people or encouraging social 
interactions have been developed1). For example, in 
recent years robots have entertained people by playing a 
variety of musical instruments2). To enable the musical 
expression of these robots, researchers have created 
many devices, including artificial lips for playing wind 
instruments. 
However, robots playing wind instruments often produce 
artificial sounds that differ considerably from those 
produced by their human counterparts. This is 
particularly true for robots performing special musical 
effects, such as vibrato, tremolo and tonguing. 
We have developed a robot that plays a soprano recorder 
before this research. Nevertheless, naturally expressing 
the special musical effects of tonguing and vibrato 
remain a problem. 
Therefore, the purpose of this study is to build a robot 
playing a soprano recorder that produces natural sounds, 
that is, sounds matching those produced by a human 
player. This study employs unsteady flow rate 
measurements and control techniques for controlling the 
air blown through the soprano recorder. In the present 
research, the following procedure was conducted. First, 
not only the static but also the dynamic characteristics of 
the flow sensor used for measuring the blown air were 
calibrated using an unsteady flow generator to judge 
whether the performance of the flow sensor was high 
enough for measurement of the blown air. Second, using 
the flow sensor, the blown air flow rates were measured 
for real human players (members of Fukuoka Institute of 
Technology Wind Symphony) expressing vibrato with a 
soprano recorder. Finally, the identified blown air flow 
rate model was applied to the air flow rate control system 
of the soprano-recorder-playing robot. The flow rate was 
controlled by a spool type servo valve (SP valve). The 
recorder sounds played by a human and the sounds 
played by the robot were compared using a sound 
analyzer. 

 
OVERVIEW OF THE DEVELOPED 

RECORDER-PLAYING ROBOT 
 

We previously developed the recorder-playing robot 
shown in Fig. 1. The robot system consists of a computer, 
a musical keyboard (Edirol MIDI keyboard controller 
PC-50), an electronic circuit as a signal receiver and a 
f i n g e r i n g  c o n t r o l l e r ,  a n  S P  v a l v e  ( F e s t o 
MPYE-M5-B-SA), a soprano recorder (Aulos 503B), 
and a fingering part consisting of solenoid plungers 
(Yamaha DC Solenoid MD-232) (Fig. 2).  The 
configuration of the recorder-playing robot system is 
shown in Fig. 3. In the computer, MIDI (Musical 
Instrument Digital Interface)3) sequencer software 
(Cakewalk SONAR 6 LE) generates MIDI signals for 
playing (controlling) the recorder. The sequencer 
software also generates accompaniment music in  

 
 

Fig. 1 Developed recorder-playing robot 
 

Fig. 2 Fingering part (solenoid plungers) 

Fig. 3 Configuration of the recorder-playing robot 
system 

 
synchronization with the MIDI signals. The MIDI signal 
is sent to the musical keyboard, which can be used both 
as a MIDI signal transmitter and a musical interface. 
Then, the MIDI signal is received by the electronic 
circuit. In the circuit, the MIDI signal is divided into two 
signals. One is the signal for controlling the blown air 
(i.e., the signal sent to the SP valve), and the other is the 
signal for controlling the fingering part (i.e., the solenoid 
plungers). Eleven solenoid plungers were attached to 
acrylic hinge plates as robot fingers. By tuning the sound 
by trial and error (particularly the relationship between 
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the MIDI signal and the controlling signal of the SP 
valve that controls the blown air flow rate for the 
recorder), the robot system could play several  musical 
songs well. For example, a demonstration at a school 
festival was well received. But, expressing the special 
musical effects of tonguing and vibrato naturally 
remained a problem. 
 

QUICK RESPONSE LAMINAR FLOW SENSOR 
 

Selection of flow sensor 
To measure and control the blown air for a recorder, a 
flow sensor having sufficient resolution and dynamic 
characteristics is needed. The type of flow sensor used in 
this research is a laminar flow type, named “quick 
response laminar flow sensor” (QFS), which our research 
group has been developing4). The QFS is composed of a 
laminar flow element and a differential pressure gauge. 
The static characteristics of the QFS used in this research 
are expressed in equation (1). 
 

(1) 
 
 
The model type of the QFS used in this research is 
QFS-0.3-50-30 (Tokyo Meter Co., Ltd.). Suppose, as an 
example, the resolution of the differential pressure gauge 
is 0.1 Pa; then the resolution of the QFS is 25.6 mL/min 
(ANR).  
Dynamic characteristics test of the QFS using an 
unsteady flow generator 
The dynamic characteristics of the flow sensor (QFS) up 
to 20 Hz were tested using an unsteady flow generator 
(UFG). The UFG is a device that can generate arbitrary 
oscillation air flow up to at least 50 Hz5). A schematic of 
the UFG is shown in Fig. 4. The UFG includes two SP 
valves and an isothermal chamber. A schematic of the 
dynamic characteristics test of the QFS is shown in Fig. 
5. The QFS is set downstream of the UFG. Downstream 
of the QFS is open to atmosphere. Both the generated 
flow rate from the UFG (as the standard) and  
 
 

 
 
Fig. 4 Schematic of the unsteady flow generator (UFG) 

Fig. 5 Schematic of the dynamic characteristics test 

 
Fig. 6 Experimental results of the dynamic 

characteristics test (5 Hz) 

 
Fig. 7 Experimental results of the dynamic 

characteristics test (15 Hz) 
 

 
the measured flow rate using the QFS are recorded and 
compared in a computer equipped with an AD/DA 
converter. In the experiments, the set value of the 
generated flow rate from the UFG is defined according 
to equation (2). 
 

(2) 
 

P
P
PQ

a

Δ= 256.0[L/minANR]

)2sin(108.00.216[g/s] ftG π=
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Fig. 8 Bode diagram of the dynamic characteristics of the 

QFS 
 
The frequency f was varied from 1 Hz to 20 Hz. 
Examples of the experimental results when f = 5 Hz and 
15 Hz are shown in Fig. 6 and Fig. 7, respectively. In 
Figs. 6 and 7, the broken line indicates the generated 
flow rate from the UFG and the solid line indicates the 
values measured by the QFS. The experimental results 
are summarized in the Bode diagram shown in Fig. 8. In 
the Bode diagram, the generated flow rate using the UFG 
is the denominator and the measured flow rate using the 
QFS is the numerator. The experimental results show that 
when f = 20 Hz, the gain is -0.8 dB and the phase is -9 
deg. The needed frequency range for measuring the 
blown air into a soprano recorder when vibrato is 
expressed is several hertz at the highest. So, it is 
considered that the QFS is suitable for measurement of 
the blown air. 

IDENTIFICATION OF RELATIONSHIP 
BETWEEN BLOWN AIR FLOW RATE AND 

MUSICAL INTERVAL USING THE QFS 
 
When playing a recorder, an optimum blown air flow 
rate exists for each musical interval (tone). If the blown 
air flow rate is higher than the optimum value, the tone is 
high, and if the rate is lower, the tone is low, relative to 
the target tone. To identify the relationship between the 
optimum value of the blown air flow rate and the musical 
interval sounded by a soprano recorder, the experimental 
setup shown in Fig. 9 was used. In the experiment, the 
tone holes were closed by the solenoid plungers (i.e., 
fingers) and the blown air flow rate was adjusted using a 
variable throttle. The flow rate was adjusted to make the 
sound optimal. The flow rate was measured using the 
QFS, which was tested for static and dynamic  

 
 

Fig. 9 Schematic of the experimental setup for the 
optimum flow rates for musical intervals 

 
 

Fig. 10 Experimental results of the optimum flow rates 
for musical intervals 

 
characteristics as described in the previous section. The 
musical tuner for discerning the musical tone was a Korg 
GA-1. The experimental results are shown in Fig. 10. 
 
BLOWN AIR FLOW RATE MEASUREMENT FOR 

HUMAN RECOREDER PLAYERS 
 
Definition of vibrato 
Vibrato is a musical sound expressed by varying 
periodically tone pitch or intensity of a sound around a 
certain tone when playing a musical instrument or 
singing a song. In musical terminology, the vibration of 
the tone pitch is called “vibrato” and the vibration of the 
intensity of the sound is called “tremolo”, but the 
discrimination between these two terms is often difficult 
in practice. For a recorder especially, both the tone pitch 
and the intensity of the sound change as the blown air 
flow rate changes. 
Measurement of vibrato played by human recorder 
players 
In this section, by using the experimental setup shown in 
Figs. 11 and 12, the sound level and the blown air flow 
rate were measured when a human player expresses 
vibrato with a soprano recorder. Air from the player’s 
mouth is blown into the recorder through its windway, 
shown on the far left. The QFS is set between the 
player’s mouth and the windway of the recorder. The  
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Fig. 11 Schematic of the experimental setup for 
measuring the sound level and blown air of a human 

playing a recorder 

Fig. 12 Photograph of the experimental setup for 
measuring the sound level and blown air of a human 

playing a recorder 
 

 
 

Fig. 13 Photograph of the experimental setting 

blown air flow rate is measured by the QFS and the 
sound level is recorded and analyzed using a microphone 
(Sony ECO-DS30P) and a sound analyzer (Sound 
Engine Free).
The experiments were performed by three human 
recorder players. The three people were flute players of 
Fukuoka Institute of Technology Wind Symphony, one of 
the most famous university symphony orchestras in 
Japan. A photograph of the experimental setting is shown 
in Fig. 13. The experiments were conducted five times 

 

Fig. 14 Experimental data of a human recorder player 
playing the tone “la” (A5) measured by the microphone 

Fig. 15 Experimental data of human recorder players 
measured by the QFS 

 
for each player. The tone played in the experiments was 
“la” (A5), since A is commonly used as a criterion in the 
tuning of musical instruments. One example of the 
experimental data measured by the microphone is shown 
in Fig. 14. In Fig. 14, the longitudinal axis indicates the 
scale of the WAV file, which by itself shows no physical 
characteristics to measure the sound level and blown air 
of a human playing a recorder. The cyclic wavy profile 
indicates the change of intensity of the sound. Fig. 15 
shows the experimental data measured by the QFS. As 
shown in Figs. 14 and 15, the frequency of the blown air 
was approximately 5 Hz. 
 

APPLICATION TO A RECORDER-PLAYING 
ROBOT 

In this section, the identified flow rate model in the last 
section is applied to the air flow rate control system of 
the soprano-recorder-playing robot, shown in Fig. 16, to 
realize humanlike sounds produced while playing vibrato. 
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In the robot system shown in Fig. 16, a QFS was added 
between the SP valve and the recorder, in contrast with 
the system shown in Fig. 1. 
Proposed blown air controlling method 
The schematic of the controlling part of the blown air of 
the recorder-playing robot is shown in Fig. 17. In the 
digital signal process (DSP: MTT s-BOX), the measured 
flow rate in Fig. 15 was used as the set value of the flow 
rate controller. To precisely control the flow rate, feed 
forward control (nonlinearity compensation of the SP 
valve) was conducted, as illustrated in Fig. 18. Since the 
SP valve has nonlinearity as a characteristic, the 
relationship between the control signal and the sonic 
conductance (effective cross-sectional area) was 

 

 
 

Fig. 16 Recorder-playing robot with the QFS 
 

 
 

Fig. 17 Schematic of the blown air control part 

 

 
Fig. 18 Schematic of the feed forward control 

(nonlinearity compensation of SP valve) 

preliminarily measured. Then, the inverse function (1/Kv) 
was multiplied by the set value of the flow rate Qref, as 
shown in the left block in Fig. 18.
Experimental results of the robot playing the 
recorder  
In the experiment, the tone set was “la” (A5), so the 
MIDI signal corresponding to that tone was sent to the 
fingering controller. The measured flow rate stated in the 
last section (Fig. 15) was used as the set value of the 
flow rate controller. 
The experimental results of the blown flow rates 
obtained by the QFS are shown in Fig. 19. As shown, the 
measured value of the flow rate of the human player 
performing vibrato and that of the recorder-playing robot 
correspond very well. Figs. 20 and 21 show the results of 
the frequency analysis. Since the tone is “la” (A5), the 
1st mode frequency is 880 Hz. The analyzed results 
obtained by the human player and the robot correspond 
very well. 
 
 
 

 
 

Fig. 19 Measured flow rates obtained by the QFS while 
vibrato was expressed 

 
 
 
 
 
 
 
 
 
 
 
 
 

 
Fig. 20 Experimental results of the sound level  
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Fig. 21 Experimental results of the sound level 
(magnified) 

 
CONCLUSIONS 

To realize a soprano-recorder-playing robot that 
produces natural sounds matching those produced by a 
human player, this study employs unsteady flow rate 
measurements and control techniques to control the 
blown air for a soprano recorder. In the present research, 
the following procedure was conducted. First, not only 
the static but also the dynamic characteristics of the flow 
sensor used for measurement of the blown air were 
calibrated using an unsteady flow generator to judge 
whether the performance of the flow sensor was high 
enough to measure the blown air. Second, using the flow 
sensor, the blown air flow rates were measured when real 
human players (members of a brass band) performed 
vibrato with a soprano recorder. Finally, the identified 
blown air flow rate model was applied to the air flow 
rate control system of the soprano-recorder-playing robot. 
The flow rate was controlled by a spool type servo valve. 
The sounds played by the real human player and those 
played by the robot were compared using a sound 
analyzer. The experimental results showed that the 
results obtained for the human player and for the 
recorder-playing robot agreed very well. 
In future work, the measured flow rate waves for human 
players should be modeled and applied to the control of 
the blown air flow rate of the recorder-playing robot 
when playing a song. 
 

 
ACKNOWLEDGMENT 

The authors would like to give special thanks to the 
members of Fukuoka Institute of Technology Wind 
Symphony for their cooperation in the experiments. 

 
 

REFERENCES 
 

1. http://www.toyota.co.jp/en/special/robot/ 

2. Kaneko Y., Mizuhara S, Mizutani K., Nagai K. : 
Artificial Lips for Automatic Trombone Blower 
(Biomimetics & Innovative Design) : Proc. of the 
Asian Pacific Conference on Biomechanics : 
emerging science and technology in biomechanics, 
2004, pp.23-24 

3. http://www.midi.org/ 
4. Kato T., Kawashima K., Cai M., Funaki T., 

Takayama K., Kagawa T. : Development of 
Dynamically Calibrated Quick Response Flow 
Sensor and Its Application to Pressure Servo Control 
System, Proceedings of 7th Triennial International 
Symposium on Fluid Control, Measurement and 
Visualization, 2003, CD-ROM 

5. Funaki T., Kawashima K., Kagawa T. : Generator of 
variable gas flows using an isothermal chamber, 
Measurement Science and Technology, Vol.18, 2007 
pp.835-842 

 

632
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



SOFTNESS DISPLAY BASED ON LOW FRICTION   
PNEUMATIC CYLINDER

Zhongsheng SUN, Xiaoning LI, Liangpeng Kou and Yan TENG 

 SMC Pneumatics (Nanjing) Technical Center 
School of Mechanical Engineering 

Nanjing University of Science & Technology 
 200 Xiaolingwei Street, Nanjing 210094, China 

(E-mail:billsun1978@163.com) 

          
ABSTRACT 

Now the researches of haptic display mainly focus on the simulation of force, roughness, geometrical shape and texture, 
whereas the research about softness display is paid less attention. This paper introduces a softness display based on low 
friction pneumatic cylinder, which not only has the advantages of simple structure, big stiffness changing range, but 
also has the merits of pneumatic actuation such as compliance and safety. The compliant softness display is 
quantificationally realized by the force servo-control of low friction cylinder, namely, controlling the cylinder output 
force proportional to its displacement. Firstly, the nonlinear mathematical model of valve controlled cylinder is built, 
and its linear model is deduced by linearization with the method of general approximate linearization of working-point. 
At last, the control accuracy, stability, force response rate and fidelity of softness display is researched by experiment. 
By the research in this paper, we hope that the designed softness display system based on low friction cylinder not only 
promotes the design of the compliant haptic interface and the application in the virtual reality, but also contributes to the 
application in the medical field (for example, virtual surgery). 

KEY WORDS

softness display, low friction cylinder, virtual reality 

INTRODUCTION
*

Haptic perception is the important information channel 
to explore and recognize an object by conveying several 
physical information to mechano-receptors and thermo- 
receptors lying into our skin throughout the body[1].
Moreover the haptic perception is a combined activation 

* Supported by NUST Research Funding, NO: 2010ZYTS010 ,
National Natural Science Foundation of China (No: 50905089) 
and Qing Lan Project 

of two groups of physiological sensations: force and 
tactile sense. The former refers to the information about 
joint angle or muscle contractile force mediated by the 
sensory receptors in the muscle, articular capsules, and 
the tendon. The latter is mainly by cutaneous perception, 
and can be divided into two groups according to its 
characteristic. The first is sliding perceptions of 
geometric properties such as shape, size, texture, etc. 
Another is the dynamic perception perpendicular to the 
interface between the finger and object, namely the 
compliance haptic display about the softness or stiffness 
of virtual object. The softness rendering or display 
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appears to be of particular importance in application of 
simulation of soft object in virtual environment or soft 
tissue in virtual operation. 
At present, various types of display devices to simulate 
the softness perception have been developed by 
regulating certain physical parameter such as elasticity, 
pressure or contact area. That is to say, the level of 
elasticity can be associated with a specific force- 
displacement or force-area behavior [1]. Mavroidis 
designed a compliance haptic interface using electro- 
rheological fluids [2], which enable a remote operator to 
feel the stiffness of virtual object by regulating the 
electric intensity in the Electro- Rheological fluid to 
change its damping force. Fujita developed a force 
feedback glove to display the hardness of virtual object 
by applying force to the fingertip as the displacement of 
object deformation [3]. Song aiguo realized the softness 
display device actuated by a motor to reproduce the 
stiffness of virtual object from very soft to hard by 
adjusting the length of thin elastic beam [4].  The 
softness display devices mentioned above adopt the 
force- displacement method. Fujita also designed a new 
softness display system to control the fingertip contact 
area dynamically based on the detected contact force 
with a servo controlled pump for fluid volume control [5].
Bianchi showed a new bi-elastic fabric-based display for 
rendering softness, and its different levels of softness is 
regulated by the stretching of fabric induced by a 
motor[1]. Bicchi thinks that the ability of humans to 
detect softness of different objects by tactual exploration 
is intimately related to both kinesthetic and cutaneous 
perception [6]. Based on such principle, he design a 
CASR display surrogating tactile information for 
softness discrimination, with information on the rate of 
spread of the contact area between the finger and the 
specimen as the contact force increases[6]. In order to 
enhance the performance of softness rendering, he also 
integrated the CASR display with the Delta haptic device 
to simultaneously replicate independent force- 
displacement and force-area behaviors [7].
The softness display devices based on the force-area 
behaviors only qualitatively reflect the elasticity of 
virtual object. Although the motor-actuated haptic 
display devices can accurately and quantitatively 
simulate the stiffness of virtual object, its value is 
relatively small. In this paper, a softness display system 
based on low friction cylinder is designed, which could 
simulate the softness of virtual object quantitatively and 
accurately regulate the value of stiffness in a large range. 
Shen already demonstrated that the pneumatic actuator 
can provide a significantly larger value of simulated 
stiffness than the motor-actuated haptic interface [8].

SOFTNESS DISPLAY SYSTEM 

The schematic representation of softness display system 
shown in Fig.1 consists of two parts. One is the softness 

display device; another is the virtual environment of 
softness rendering. When the hand doesn’t tough the 
virtual object, namely in free space, the hand moves 
along with the cylinder rod, and the operator feels very 
small force close to zero by controlling the resistance of 
the pneumatic cylinder. The movement information of 
hand such as position is conveyed to the virtual 
environment for driving the probe or virtual hand. 
During the softness rendering, the collision detection 
algorithm checks continually. Once the probe or virtual 
hand collides with the virtual object, the force being 
displayed is calculated in the virtual environment 
according to the deformation and conveyed to softness 
display system. Then the softness display system 
controls the pressure in two chambers of pneumatic 
cylinder. We regard the force exerted actively by the 
hand as loading force. When it is in equilibrium state, the 
loading force is equal to the force produced by the 
pneumatic cylinder. If we only simulate the stiffness of 
virtual object, virtual object can be considered as a 
spring. As long as the loading force is proportional to the 
displacement, the operator would feel the softness 
sensation. 

Figure 1 Schematic representation of softness display 

MATHEMATIC MODEL OF SYSTEM 

Softness display based on low friction cylinder can be 
considered as force control of pneumatic cylinder. Indeed, 
it is a valve controlled cylinder system. Hence, its 
mathematic model is established in the following.  
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Cross section equation of valve 

Because the dynamic response frequency of valve can be 
up to 100Hz, and is much larger than that of the system, 
the valve flow can be considered as a proportional 
component. 

( ) ( )u u uA A u K u u (1) 

Where Au represents the valve orifice area, u is the 
command voltage signal, and Ku is the gain of the valve 
effective opening area to the command voltage. 
Flow equation of system 

According to the study of Sanville F.E, the mass flow 
Qm1 into the inflation chamber and Qm2 out of the 
deflation chamber can be denoted by Eq. (2), (3). 
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Where b is the critical pressure ratio, Ps is the pressure of 
gas source, P1 and P2 are the pressure of inflation and 
deflation chambers respectively, P0 is the atmosphere 
pressure, Ts is the temperature of gas source and T2 is the 
gas temperature of deflation chamber. 
Differential equation of chamber pressure 

In order to simplify the calculation, the following 
assumptions are made. a) The gas is ideal gas. b) There is 
no heat exchange when the gas flows through the valve 
ports, that is to say, the process is isoentropic adiabatic 
process. c) The temperature variation in the two 
chambers can be ignored, and the temperature is a 
constant value of T. d) the leakage is ignored. 
Using the law of conservation of energy, the differential 
equation of pressure inside each chamber of cylinder can 

be express as  
.

1 1 1
1

1 1( ) ( )
mQ kA x pp kRT

V x V x
 (4) 

.
2 2 2

2
2 2( ) ( )

mQ kA xpp kRT
V x V x

(5) 

1 10 1( )V x V A x 2 20 2( )V x V A x          (6) 

Where x is the position of cylinder piston, V10 and V20 are 
the initial volume of two chambers. 
Dynamic equation of cylinder 

According to the Newton’s second law, the dynamic 
equation of cylinder can be expressed as 

1 1 2 2 ( )F p A p A mx x f            (7) 

Where F is the force exerted on the cylinder by operator, 
is the coefficient of piston viscosity damping, f is the 

coulomb friction. 
Because the coulomb friction of the cylinder used in this 
paper is very small, only one tenth or one fifth of the 
rubber sealing cylinder, the coulomb friction f can be 
ignored. Eq. (1) can be converted as  

1 1 2 2 ( )F p A p A mx x            (8) 

When the force exerted on the cylinder by operator is 
proportional to the displacement of the hand, the softness 
sensation like pushing a spring can be perceived by 
operator. So the softness display can be considered as a 
question of force servo-control. 
From the mathematic model of the pneumatic force servo 
system, we can see that this is a seriously nonlinear 
system, and the model parameters change with the 
working point of the system. In order to analyze the 
system performance, the nonlinear system is linearized at 
its working point. And the PID control with variable 
arguments (shown in Fig.2) is applied to the force servo 
control. The arguments of PID control are chosen 
according to the displacement of cylinder and the error 
between the measured force by force sensor and the 
desired force proportional to the displacement.  

Figure 2 Schematic representation of force control 
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EXPERIMENT 

In this paper, the softness perception like pushing a 
spring (shown in Fig.3) is simulated. Before hand presses 
the spring, the hand should not feel any force. The hand 
moves together with the cylinder, and the value of force 
sensor should be close to zero. After the hand presses the 
spring, the force perceived by operator should be 
proportional to its deformation. 

Figure 3 Schematics of experiment 
The photograph of experiment is shown in Fig.4. The 
pneumatic cylinder (SMC MQMLB16-100D) has the 
characteristic of low friction, whose inner diameter and 
stroke are 16mm and 100mm respectively. The cylinder 
is controlled by a proportional flow servo-valve (FESTO 
MPTE-5-M5-010-B). The tension and compression force 
sensor is connected on piston rod to measure the loading 
force. The displacement of cylinder is measured by the 
displacement sensor of MTS R-series to generate the 
desired force according the contact state and the stiffness 
of virtual object such as spring. The supplied air is at a 
gauge pressure of 0.5MPa.  
We assume that the position of piston rod is 0 mm when 
the cylinder is in the state of extrusion, and the position 
of piston rod is 100 mm when the cylinder is in the state 
of retraction. The measured and desired force charts 
according to the displacement are shown in Fig.5 and 
Fig.6 respectively when the setting stiffness is 1N/mm 
and 5N/mm. the dashed line at the position of 30mm 
denotes the contact point with virtual object. It can be 
seen that the perceived force by the operator is close to 
zero when the position is within 30mm, and is 
proportional to the displacement of cylinder after 
contacting with virtual object. So the operator can feel 
the softness sensation of pushing a spring. Fig.7 shows 
the relation between the position of cylinder and the 
measured force. The curve slope denotes the stiffness of 
simulated object. 

Figure 4 photograph of experiment system 
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Figure 5 Desired and measured force according to the 
displacement of cylinder (K=1N/mm) 
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displacement of cylinder (K=5N/mm)
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CONCLUSION AND FUTURE WORK 

In this paper, a softness display system based on low 
friction pneumatic cylinder is established. The nonlinear 
mathematical model of valve controlled cylinder is built, 
and linearized with the method of general approximate 
linearization of working-point. The experimental results 
indicate that it can simulate the sensation of softness and 
the stiffness can be regulated according to the simulated 
virtual object. 
The desired force is generated only by the displacement 
of cylinder and the assumed stiffness. And the virtual 
environment isn’t in the control loop. In the future, we 
would built a realistic virtual environment and simulate 
the softness display in a complete control loop with the 
valve controlled cylinder system. 
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ABSTRACT

Recently, pneumatic servo systems have been widely applied to mechanical systems. Because air has a number of 
advantages, including compressibility, high power ratio, and low heat generation. Antagonistic drive with a pair of 
pneumatic actuators connected by wire is widely used in robots to transform linear motion to rotation. However, wire 
tension affects to the drive. The drive becomes unstable when the tension is too high. The tension can be controlled with 
pneumatic servo valves. Therefore, control method including the configuration of servo valves for the drive is an 
important issue. In this paper, we focus on an antagonistic drive for joint rotation with a pair of pneumatic cylinders 
connected by wire. To compensate the effects of tension, two control methods using mean or minimum tension are 
proposed and studied experimentally. Then, the controllability is compared with three configurations of the pneumatic 
servo valves. The experimental results indicate that the use of minimum tension T0 is effective for the compensation.
We also confirm that the response of the system can be improved by using four 3-port servo valves

KEY WORDS

Key words, Pneumatic actuator, Antagonistic drive, Angular control, Tension control, Valve configuration

NOMENCLATURE

F1, F2 : cylinder force [N]
KaP : proportional gain of force control [V/N]
Kai : integral gain for force control [V/N s]
KPP : proportional gain of position control [mNm/rad]
KPd : differential gain of position control [mNms/rad]
P1, P2 : inner pressure of cylinder [Pa]
P0 : equilibrium pressure [Pa]
Pa : atmospheric pressure [Pa]
Ps : supply pressure [Pa]
q : angle of shaft [rad]
r :joint radius [m]
T1, T2 : tension of wire [N]

T0, Tm :minimum and mean tension of wire [N]
: torque [mNm] u1, u2 : input voltage [V]

1. INTRODUCTION

Recently, pneumatic servo systems have been applied in 
several mechanical systems, such as pneumatic robot 
systems [1], aspherical glass molding machines, and a 
precise positioning stage [2]. Significant advantages, like 
low heat generation and non-magnetic make the 
pneumatic system become universal. In addition, the air 
power is compressibility with a high power ratio. 
Importantly, air is a clean and renewable energy source. 

Pneumatic servo system control methods have been 
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studied since the 1950s [3][4]. The performance of the 
system improved greatly as the pneumatic servo valve 
became commercially available in the late 1980s [5]. The 
pneumatic servo valve is the key element in the system. 
Its structure and parameters are important in order to 
achieve good performance [6][7][8][9].

Antagonistic drive is widely used in pneumatic robots 
to transform linear motion to rotation [10][11][12]. The 
drive system is affected by the friction caused by tension
and becomes unstable when the stiffness of the system 
becomes higher. Therefore, the control method and the 
configuration of the valves for the drive are important
issues.

In this paper, we focus on an antagonistic drive for joint 
rotation with a pair of pneumatic cylinders connected by 
wire. To compensate the effects of tension, two control 
methods using mean or minimum tension are proposed 
and studied experimentally. Moreover, the controllability 
is compared with three configurations of the pneumatic 
servo valves.

2. EXPERIMENTAL APPARATUS

Fig.1 shows the photograph of the experimental
apparatus for tendon drive. Fig.2 and Fig.3 shows the 
schematics of tendon drive and experimental apparatus.
In this experiment, we used a metal rod( 8mm) for
rotating shaft. This shaft is driven by a pair of pneumatic 
cylinders connected by stainless steel wire( 0.36mm).
Without extension and slack in the wire, and neglecting 
the friction of the cylinder, the wire tension T1 T2 are 
equal to the cylinder force F1 F2. Thus joint torque 
represented by the following equation.

rFFrTT )()( 1212 (1)

The angle of the shaft is measured by an encoder
installed in the joint, and the driving forces of cylinders 
were calculated by measuring the pressure in the 
cylinders. Here, we confirmed in advance that the 
friction of the cylinder piston is negligible small. The 
angle and pressure data are taken into a PC through a 
digital input (DI) module. The PC acts as a controller and 
sends the control signals to the servo valves. 
Experimental equipments are summarized in Table1.

3. TENSION COMPENSATION METHOD

In the antagonistic drive system, the joint was driven by 
two pneumatic cylinders with wire. Without extension 
and slack in the wire, joint torque can be represented by 
Eq. (1). In this section, the effects of wire tension to the 
controllability of the system are studied. Two
compensation methods for wire tension were proposed.
An angular control was applied to the drive system to 
compare the difference between the methods.

Figure 1 Experimental apparatus

Figure 2 Schematic of tendon drive apparatus

Figure 3 Schematic of experimental apparatus

Table 1 Experimental equipments

Servo valve FESTO MPYE-5-M5-010B
Pressure sensor SMC,PSE510-R06

encoder MTL,ME-12-2000P16
wire Stenless wire ( 0.36mm)

3.1 Angular control methods

The block diagram of the angular control is shown in 
Fig.4. A PD controller is used. As can be seen in Fig.4, a
force control is implemented as a minor loop to the 
control The reference angle qref was given as an input,
and the reference torque ref was calculated by the 
following equation.

PC

Servo valves

Regulator

Tendon drive apparatus
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Figure 4 Block diagram of position control

)()( qqKqqK refpdrefppref (2)

Here, Kpp and Kpd are the proportional gain and different-
ial gain, respectively.

Two compensation methods were proposed to calculate 
the reference driving force Fref of the cylinder from ref,
Those methods can be written as follows:
(a) Tension compensation method using mean tension Tm

m
ref

ref T
r

F
21 (3)

m
ref

ref T
r

F
22 (4)

(b)Tension compensation method using minimum 
tension T0

r
TF refref

ref 201 (5)

r
TF refref

ref 202 (6)

A relationship between Tm and T0 can be written as 
Eq.(7). Since the two methods satisfy Eq.(8), wire slack 
can be prevented by setting Tm T0 high.

r
TT ref

m 20 (7)

rFF refrefref )( 12 (8)

A PI controller is used for force control. The controller 
input u is calculated by

dtFFKFFKu refairefap )()( (9)

Here, Kap and Kai are the proportional gain and integral 
gain, respectively.

3.2 Experimental procedure

(1) Comparison of the magnitude of tension 
The angular control as shown in Fig.4 is applied to the 
drive system. The reference sinusoidal wave with the 
amplitude of 0.8rad and the frequency 1Hz was inputted.
The mean tension Tm was given as 2, 4, 6, and 8N and 
the minimum tension T0 was given as 0, 2, 4, and 6 N to 
confirm the influence of the magnitude of the tension. 

Table 2 Control gains

PD controller PI controller
ppK 320[mNm/rad] apK 0.3[V/N]
pdK 1.6[mNms/rad] aiK

The angular controllability was investigated. In the 
experiments, the supply pressure was set at 0.3MPa and 
the control parameters shown in Table 2 were used.

(2)Comparison of the two tension compensation methods
The angular control was applied to the drive system to 
compare the two methods of tension compensation. The 
reference sinusoidal wave with the amplitude of 0.8rad 
and the frequency of 1Hz was inputted. Stability limit of 
the proportional gain Kpp were investigated to compare 
the methods. In the experiments, the supply pressure was 
set at 0.3MPa and same control parameters as show in 
table 2 were used.

3.3 Experimental results

Fig.5 and Fig.6 shows the experimental results of angular 
control using mean and minimum tension, respectively.
The upper, middle and lower figure shows time 
dependent rotation angle, driving force of the cylinder 
and torque at the joint with different mean or minimum
tensions, respectively. Only the driving forces of a side 
of the cylinder are shown in the middle figure since they 
are almost symmetric.

The results of Fig.5 and Fig.6 show that the angle does 
not follow the reference at the peak point and the joint 
torque increases when the wire tension was set higher.
With the increase of wire tension, the average force of 
the joint and friction increase. On the other hand, the 
stick-slip phenomena did not result in significant 
difference despite the increase of the friction. It implies 
that the friction in the cylinder is more influential to the 
stick-slip phenomena than the friction of the joint.

Fig.7 shows the stability limit of the proportional gain 
Kpp. The results of Fig7 show that the stability range 
increases as Tm becomes higher, while the magnitude of 
T0 does not affect to the stability. In the method using 
minimum tension, the reference force Fref keeps higher
than T0. On the other hand, the method using mean 
tension, Fref might become smaller than the tension and 
there is a fear for slack of the wire. Wire slack makes the 
disagreement with the wire tension T and the cylinder 
driving force F.

The results indicate that using a minimum tension T0 is 
suitable for the angular control. Moreover, the angular 
control results also suggested that it is better to set lower 
T0 to reduce the influence of the friction.
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Figure 5 Experimental results with mean tension Tm

Figure 6 Experimental results with 
minimum tension T0

Figure 7 Stability limit of the proportional gain Kpp

Figure 8 Control methods

Figure 9 Block diagram of torque control

4. CONFIGURATION OF SERVO VALVE FOR 

ANTAGONISTIC DRIVE

Configuration of the servo valves to control the 
antagonistic drive with a pair of cylinders will cause a 
big effect to the controllability. Therefore, in this section, 
three configurations of the servo valves were considered.
Fig.8 shows the schematics of configurations. The 
configurations can be summarized as follows:
(i) A 5- port servo spool-type valve is used to control 

the pressure difference of a pneumatic cylinder. 
(ii) A 3-port spool-type servo valve is used to control 

only the rod side of the pneumatic cylinder. The 
head side is set as atmospheric pressure.

(iii) Two 3-port spool-type servo valves are used to 
control the pneumatic cylinder both for the rod and 
head side. Therefore, totally four servo valves are 
used to control the drive system. The equilibrium 
pressures were set at 0.2MPa and 0.3MPa.

(i)5port valve×2 (ii)3port valve×2 (iii)3port valve×4
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A torque control and angular control were applied to the 
drive system to compare the configuration differences.
The apparatus as shown in Fig.2 was also used in the 
experiments. The 3-port servo valve was realized by 
shutting the two ports of the 5-port servo valve.
Therefore, the dynamics of the servo valves were the 
same for all configurations.

4.1 Control method

The cascade loop shown in Fig.4 was used for the torque 
control. The block diagram of the torque control is 
shown in Fig.9. The reference torque ref was given as an 
input. The minimum tension of the wire T0 as shown in 
Eq.(5) and Eq.(6) were used to obtain the reference force
Fref. The PI control as shown in Eq.(9) was used for the 
control.The angular control was applied with the control 
method as shown in Fig.4.

4.2 Experimental procedure

(1)Torque control
The frequency responses of the control system were 
investigated. The amplitude of the reference torque was 
given as 10mNm. The sinusoidal inputs from 1 to 40 Hz 
were given. The supply pressure was set at 0.3MPa and 
the minimum tension of 4N was applied. The joint was 
fixed at the center during the experiments. The control 
parameters shown in Table 2 were used in the 
experiments.

(2)Angular control
The angular control was performed with the three 
configurations. The angular controllability and 
observation of the stick-slip phenomena were 
investigated. The reference sinusoidal wave with the 
amplitude of 1rad was inputted. The frequencies from 1 
up to 10Hz were given. The experiments were executed 
with no load. 

4.3 Experimental results

Fig.10 shows the experimental results of torque control
with the frequency of 10Hz. The experimental results are 
summarized in the bode diagram as shown in Fig.11.
Fig.10 shows that the configuration (ii) is inferior to 
other control methods. This is because the stiffness of the 
cylinder is the lowest as the head side remains 
atmospheric pressure. The configuration (iii) with the 
equilibrium pressure 0.2MPa shows the best 
performance. The bandwidth becomes wider compared 
with the others as shown in Fig.11. This is considered to 
be because the charge and discharge from the servo 
valves becomes well-balanced with the configuration. 
The equilibrium pressure becomes about 0.15MPa with 
the configuration (i). Therefore, the charge becomes 
faster than the discharge. The opposite condition occurs
with the configuration (iii) with 0.3MPa, i.e. unbalanced 
occurs.

The experimental results of the angular control at the
frequency of 2Hz are shown in Fig.12. The stick-slip 
phenomena can be observed with the configuration (i) 
and (ii). On the other hand, smooth response was 
realized with the configuration (iii). This is because the 
force control loop can be improved with the 
configuration. As the response of the cascade loop affects
to the main loop, the results are reasonable.

Figure 10 Experimental results of torque control(10Hz)

(a) Gain

(b) Phase

Figure 11 Bode diagram
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Figure 12 Experimental results of angular control

It became clear from the torque and angular control 
experiments that the use of four 3-port servo valve with 
suitable equilibrium pressure to realize well-balance 
between charge and discharge flow can realize good 
performance. However, the use of four valves costs and 
need space compared with the use of two servo valves.

5. CONCLUSION

In this paper, we focused on antagonistic drive with a
pair of pneumatic cylinders. The control method of the 
system, the influence of tension to the controllability and 
the configuration of the servo valves were studied. 

First, the effects of wire tension to the controllability of 
the system were investigated. Two types of tension 
compensation methods were considered. An angular 
control was applied to the drive system to compare the 
difference between the methods. The experimental 
results demonstrated that the use of minimum tension T0
was effective to compensate the effect of wire tension.

Then, the configuration of servo valves was also 
studied. Three configurations of the servo valves were 
considered for the antagonistic drive with a pair of 
pneumatic cylinders. A torque control and angular
control were applied to the drive system to compare the 

configurations difference. The experimental results show 
that the response of the system can be improved by using 
four 3-port servo valves This was considered to be 
because the charge and discharge from the servo valves 
becomes well-balanced with the configuration.
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SHOVELING MOTION
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ABSTRACT

In this study, a novel inspecting robot is proposed, which is aimed to move into the soil on its own, and inspect 
survivors more efficiently. This inspector is useful at landslide disaster sites, which occur after earthquakes, heavy rain, 
and accidents. Inside the soil, this inspector aims to be able to generate the necessary propulsion force as well as to steer 
by itself. The proposed propulsion method is inspired by the movement of a mole, which advances efficiently by 
pushing aside the soil with the shoveling motion. The characteristics and the efficiency of the proposed method are 
verified through basic experiments. Then, the verification of the behavior through burrowing as well as the possibility 
of steering is verified through experiments. In addition, the burrowing inspector is equipped with sensors, and it is 
verified the efficiency of information gathering through the landslide.

KEY WORDS

Key words, Biomimetic, Rescue Robot, Burrowing, Shoveling Motion, Pneumatics

NOMENCLATURE

a : Width of palm
b : Length of palm
x : Displacement of movement
z : Depth

: Angle of arm
: Angle of tilting

INTRODUCTION

The rapid search for survivors is required at landslide 
disaster sites, which occur after earthquakes, heavy rain, 
and accidents. Rescuers search for survivors by inserting 
a rigid bar into the soil and judging if there are any 
survivors by feeling the resistance force from the bar.
However, it is difficult to search deep into soil because 
the insertion of the bar suffers resistance from the soil 
mass which is generated by pushing the soil. In addition, 
it can only search in a straight direction, so it is difficult 
to search behind a hard rock. Moreover, it is not enough
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to search for survivors only with the felling of the
rescuer.
In this study, a novel type of robot is proposed, which 
generates propulsion on its own, steers propulsive 
direction and gathers the information with some sensors 
for searching for survivors covered by soil (Figure 1).

MECHANISM FOR BURROWING INTO SOIL

Methods for Pushing Aside Soil

The inspector is prevented from moving by the soil mass 
made by compressing the soil with the inspector itself. It 
is effective to push aside soil with the head of the
inspector for efficient propulsion. The methods for 
pushing aside soil are classified into six methods as 
follows: peristaltic action, shaking motion, air injection, 
vacuuming, drilling motion and shoveling motion
(Figure 2).
Authors have proposed a search and rescue robot which 
could be inserted into the soil with less force by pushing 
aside the soil using air injection [1]. It can steer its 
direction of movement by changing the direction of air 
injection. However, this robot could not generate
propulsion force by itself.

Figure 1 Image of the rescue operation in the soil

Figure 2 Methods for pushing aside soil

The lunar exploration robot proposed by Nagaoka et al
[2], uses the drilling motion to burrow into the soil, but it 
is difficult to steer the direction of movement.
Shoveling Motion

In this study, shoveling motion is proposed, which makes 
it possible to generate propulsion on its own as well as
steer its direction of movement. This motion is realized 
by two arms with palms, and each of them pushes aside 
the soil by rotating the arms. Shoveling motion consists 
of two motions: digging motion with which the robot 
push aside soil, and recovery motion with which it 
recovers the position of the arms. This robot is inspired 
in the movement of a mole shown in Figure 3, but it has 
no hind legs to simplify the structure.
Shoveling motion is classified into three types according 
to the method of recovery motion: Rotating Motion Type
which recovers the position of the arms by rotating them
in one direction shown in Figure 4, Swing Motion Type 
which recovers the position of the arms by rotating it into
another direction shown in Figure 5, and Rotating and 
Slide Motion Type which recovers the position of the 
arms by sliding the palms and rotating the arms shown in 
Figure 6.

Figure 3 Shoveling motion of a mole

Figure 4 Rotating Motion Type

Figure 5 Swing Motion Type

Figure 6 Rotating and Slide Motion Type
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PROTOTYPE-1 ROTATING MOTION

Basic Motion

This prototype-1 takes Rotating Motion Type which is 
the simplest method to realize the shoveling motion. This 
motion is realized by rotating two arms with the palms in 
one direction shown in Figure 7. The palms are 
perpendicular to the arms to move into the soil efficiently. 
However, the inspector moves backward during the 
recovery motion, and the interference between the body 
and the palms prevent the rotation of the arms. A mole 
holds on with its hind legs to prevent from moving 
backward during the recovery motion, but it is 
impossible for this robot to do so.
Therefore, a cam mechanism is proposed to turn these 
arms parallel during the recovery motion shown in 
Figure 8. With this mechanism, the palms turn parallel to 
the rotation of the arms when the angle of the arms 
(shown in Figure 11) is rad, and the palms turn
perpendicular to the rotation of the arms again when is
0rad just by rotating the arms.
Structure

Structure of the prototype-1 is shown in Figure 9 Two 
arms are driven synchronously by an electric motor 
through a worm gear.

Figure 7 Target motion of the Rotating Motion Type

Figure 8 Cam mechanism

Figure 9 Structure of Prototype-1

Motion of the Rotating Type is realized by rotating the 
motor in one direction. Each arm has two palms for 
effective movement. These palms prevent from moving 
backward, as one palm is in digging motion while the 
other is in recovery motion in place of mole s hind legs.
Experiment

This prototype can move into the soil without any extra 
force down to 2 meter deep at a speed of 0.67mm/s. This
experiment is shown in Figure 10. However, its 
propulsive speed and ability to borrow deep into the soil 
are not enough to search efficiently. In addition, a stone 
can get stuck between an arm and the body. Moreover, 
waterproof and dustproof are inadequate. 

BASIC EXPERIMENT

Forward Movement

To solve these problems, characteristics of the movement 
needed to be revealed through experiments. Prototype of 
the burrowing inspector was used to make basic 
experiments of shoveling motion shown in Figure 11.
The arms were rotated from the angle of 0rad to 3rad,
simulating the digging motion, and the corresponding
displacement of the movement was measured.
First, the inspector was set perpendicular to the soil and 
moved to a downward direction into the soil. The 
relationship between the angle of the arms and the 
displacement of the downward movement x is shown in 
Figure 12.

Figure 10 Digging motion of Prototype-1

Figure 11 Experimental apparatus
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Figure 12 Displacement of downward movement

Figure 13 Displacement of horizontal movement

As a result, at the digging motion, the inspector made 
propulsion while was from 0rad to 1.2rad, and it could 
not make propulsion while was over 1.1rad. The 
motion of rotating the arms over 1.2rad is not effective 
for pushing aside soil mass. And the inspector was not 
able to get enough propulsive force while was over 
1.2rad, because the palms push the soil which has less 
soil pressure, though the soil pushed by the body has 
higher soil pressure. Therefore, it seems more effective 
to swing the arms between the angles of 0rad to 1.2rad.
Second, the inspector was set horizontally in the soil and 
moved to a horizontal direction in the soil. The 
relationship between the angle of the arms and the 
displacement of the horizontal movement x is shown in 
Figure 13.  The inspector did not make propulsion 
while the angle of the arms was from 0rad to 0.4rad,
made propulsion while was from 0.4rad to 1.7rad,
made little propulsion while was over 1.7rad. In this 
case, the inspector could not make adequate propulsive 
force while was from 0rad to 0.4rad, because force of 
gravity was not acting on it in the direction of its 
movement. And the inspector could make propulsion 
while was over 1.2rad, because it could generate 
enough force to make propulsion as the soil pressure at 
the palms and at the body were the same.
Backward Movement

Then, the arms were rotated in the opposite direction 
from the angle of 1.2rad to 0rad, simulating that the arms 

Figure 14 Displacement of backward movement

Figure 15 Displacement and tilt of steering motion

Figure 16 Target motion of the Swing Motion Type

were recovered by swinging them. The inspector was set
perpendicular to the soil and the angle of the arms and 
the corresponding displacement of the backward 
movement x were measured. The width of the palms a
was changed from 7mm to 28mm. The result is shown in 
Figure 14. As a result, the shorter the widths of the palms 
were, the shorter the displacement of the backward 
movement was, and the relationship between them was 
linear. Therefore, the efficiency of prototype-1 s method 
was verified to change the effective width of the palms 
by changing the angle of the palms.
Steering Motion

Finally, simulating the steering motion, the inspector 
pushed aside soil by rotating only one palm. The 
inspector moved downward to the soil and angle of the 
arm , displacement of the movement x and the tilt angle 
of the body were measured (Figure 15). The inspector 
made propulsion while was from 0rad to 1.2rad in the 
same way as the usual propulsion. And the inspector 
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Figure 17 Structure of Prototype-2

Figure 18 Specifications of Prototype-2

steered its direction also while was from 0rad to 1.2rad. 
Therefore, possibility of the steering is verified by 
rotating one arm from the angle of 0rad to 1.2rad.

PROTOTYPE-2 SWING MOTION

Basic Motion

From these results, Prototype-2 takes Swing Motion 
Type whose arms are swung between the angle of 0rad to 
1.2rad aiming for the efficient downward propulsion and 
steering motion. Faster movement is expected by 
swinging only in the effective range for the movement. 
In order not to move backward during the recovery 
motion, the palm turns parallel to the arms rotation, and 
the palm turns perpendicular during 
the digging motion. Using this method, it is expected that 
displacement of the backward movement becomes
shorter. This motion is shown in Figure 16.
Structure

Structure and specification of Prototype-2 are shown in 
Figure 17 and Figure 18. Shoveling motion can be 
realized by using two arms which are driven 
independently by two pneumatic motors through worm 
gears. This structure makes it possible to steer its 
direction by swinging only one arm and stopping the 
other. It wears a dry-suit made of latex for dustproof and 
waterproof and searches survivors in the soil with a
fiberscope.
The hinge and angled palm mechanism, shown in Figure 
19 is proposed to prevent from moving backward. The 
palms can be rotated around the arms freely in the range 
of /2rad. And the palms turn parallel to the rotation of 

Figure 19 Hinge and angled palm mechanism

Figure 20 Basic motion of Prototype-2

Figure 21 Digging motion of Prototype-2

the arms during the recovery motion, as the whole areas 
of each of the palms are subjected to reactive force from 
the soil. And palms turns perpendicular
rotation during the digging motion, as the angled areas of 
the palms are subjected to reactive force. With this 
mechanism, motion to prevent from moving backward is 
realized just by swinging the arm.
Experiment

The basic motion of Prototype-2 is shown in Figure 20.
The arms are swung in a speed of 2.4rad/s with the 
0.2MPa pneumatic supply. In the experiment shown in 
Figure 21, it can move into the soil without any extra 
force down to 5 meters deep at a speed of 4mm/s. In the 
darkness in the soil, a letter covered by the soil was 
recognized using the fiberscope. It could move into the 
gravel without any stucks using the Swing Motion Type.
The steering motion was also verified in the experiment 
shown in Figure 22. The robot can turn its direction of 
movement by swinging one arm and stopping the other.
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Figure 22 Steering motion

Figure 23 Different types of soils

We made the experiment to make propulsion into some
types of soil. The robot moved into the dry soil, wet soil 
and mud soil. The results are shown in Figure 24. This 
inspector could make propulsion more efficiently in the 
wet soil and mud soil. Wet soil and mud soil have high 
viscosity, therefore less soil flows into below the
inspector. Therefore, it is expected to be able to move 
into dry soil by injecting water from the inspector.

CONCLUSION 

Shoveling motion is proposed to move into the soil 
efficiently. Its characteristics and the efficiency are 
verified through basic experiments. Then, using the 
Swing Motion Type, the effectiveness of propulsion on
its own as well as steering its direction of movement are
verified through experiments. In addition, the burrowing
inspector is equipped with sensors, and it is verified the 
efficiency of information gathering through the landslide.
As the next steps, we aim at 3-dimentional steering to
search effectively in the soil. Then, for practical use, we 
will make it easy to operate it by measuring the position 
of the inspector with sensors inside the soil.

Figure 24 Influence of the moisture content
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ABSTRACT 

Nowadays, tele-operation robotic systems, especially in construction machinery such as automated excavators become 
an urgent demand which help improving productivity, safety, and reducing of operation costs. The aim of this paper is to 
develop a novel force reflecting joystick control (FRJC) method using virtual force sensor for applications to excavators. 
Here, the suggested system is a combination of a master system – force reflecting joystick mechanism (FRJM) and a 
slave system – real excavator which is integrated with potentiometers at its active joins. Two non-linear black box 
models (NBBM) are proposed for identifying dynamic behaviors of the excavator and FRJM. Once, the optimized 
models are obtained, they can be used in a combination with potentiometers to estimate loading forces without using 
any force sensor as well as to monitor current states of the excavator in the virtual environment. A test rig employing a 
pneumatic actuator was used in this study for investigating the proposed NBBM models. 

KEY WORDS 

Force reflecting joystick, Excavator, Non-linear black box model, Virtual environment 

NOMENCLATURE 

b : Biases of neural network
d : Target outputs of neural network 
e : Errors between neural network outputs and 

target values 
f : Transfer functions of neural network 
F(x) : Performance function 
J(x)  : Jacobian Matrix 
K, N, P : Numbers of neurons in the input layer, hidden 

layer and output layer
u : Inputs of neural network 
v : Nonlinear functions of vector x 

x  : Parameters vector of neural network 
y : Outputs of neural network 
μ Damping parameter

INTRODUCTION

There are hundreds of thousands of excavator machines 
manufactured every year and widely used in the 
construction, forestry, and mining industries. As a new 
trend, tele-operation of excavation helps improving 
productivity, safety, and reducing of operation costs, 
consequently, making construction works become 
feasible even in hostile environment. In the teleoperated 
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Figure 1 Schematic diagram of proposed FRJC method

excavator design, when there is a contact between the 
bucket and the environment at the remote site, a proper 
force signal fed back to operator is important to make 
operator feel as the physically present at the remote site. 
Therefore, there were many studies in the literature 
relating on force reflecting control methods [1-2]. In 
these studies, the force sensors were used to measure 
the contacting force. However, the system cost was high 
and the control accuracy was reduced due to using lots 
of sensors.
The aim of this paper is to develop a novel force 
reflecting joystick control method using virtual force 
sensor for applications to excavators. In order to 
construct the proposed method, designing the NBBM 
model and building the excavator 3D model have been 
considered as the first two generation steps. As the first 
step, the test rig employing a pneumatic actuator was 
used for investigating the proposed NBBM model. And 
the second step to build the 3D excavator also was also 
described in this paper. 

DESIGN CONCEPT OF FRJC SYSTEM  

FOR EXCAVATORS 

This section gives a detail description of FRJC system 
for excavators as shown in Fig. 1. The suggested system 
is the combination of the master system – force 
reflecting joystick mechanism and the slave system – 
real excavator. Here, the FRJM includes an electrical 
joystick to generate driving commands, and a pneumatic 
motor controlled by a pneumatic servo valve to produce 
force reflection information sensed from the loading 
conditions. The excavator has four degrees of freedom 
consisting of the wing, boom, arm, and bucket, which 

are actuated by cylinders. The positions of cylinders are 
driven by control signals, u, which are sent from a 
position controller built in a personal computer (PC) 
through the D/A converter to cylinder drives such as 
valves, motors, etc. The excavator coordinate, xe, can be 
determined by potentiometers attached on the active 
joints of the excavator. Consequently, to implement the 
proposed control method, the two non-linear black box 
models based on multi-player perceptron neural 
network (MLPNN) are proposed. Here, the NBBM1 
model is used to estimate the dynamic behavior of the 
excavator and the NBBM2 model is exerted to identify 
the dynamic behavior of FRJM. Once, these optimized 
models are obtained, they can be used in a combination 
with the potentiometers to estimate the machine loading 
forces without using any force sensor as well as to 
monitor current states of the excavator in the virtual 
environment. 
During tele-operation, the operator provides the 
trajectory commands, xu, to the real excavator through 
interacting with the joystick. The joystick motion, xj, is 
converted to a voltage signal, which is then acquired 
and fed through an A/D converter to the position 
controller. Here, according to the measured value, the 
controller attempts to make the excavator track the 
operator commands via u. The real excavator 
performance, xe, which is caused by u, is measured by 
the potentiometers and fed through an A/D converter to 
a loading forces estimator built in the PC. The 
relationship between u and xe can be represented by the 
NBBM1. In no-load condition, if the NBBM1 is well 
optimized, the estimated excavator performance, ˆex ,
yielded from this model is similar with that of the real 
excavator, xe. Otherwise, in the case the bucket 
end-point contacts with the working environment, the 
loading forces are attacked to the excavator links. 
Subsequently, there exists a position difference 
between ˆex and ex . Based on this different value, the 

loading forces, êF , can be estimated and scaled by a 
adjustable force reflection gain to produce a reflection 
force, Fr , to the FRJM. Thus, the operator can feel the 
real working conditions as directly-driving method. 
However, the joystick movement, xr, which is reasoned 
by the force feedback, causes a deviation between xu
and xj. This phenomenon makes the real excavator acts 
unlike the operator intention, even induces the control 
system become unstable when the value of is high. 
Hence, to overcome this problem, the NBBM2 is 
utilized to identify the relationship between Fr and xr.
Once, the optimized NBBM2 is obtained, its output 
estimated value, ˆrx , is fed to the position controller to 
combine with xj to estimate the true operator commands, 
ˆux . By this way, the operator can feel the working 

conditions through the joystick while the excavator is 
still driven by the true operator intention. In addition, to  
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Figure 2 Excavator in virtual environment 

make a visual feeling for the operator to control the 
excavator more easily and safely, the virtual excavator 
is also graphically rendered and viewed upon the 
computer screen by using the output values from the 
optimized NBBM1 model, ˆex .
To prepare for the proposed FRJC method, the 
following sections describe first two generation steps of 
this method: the implementation of the virtual excavator 
environment, as well as the procedure to design, 
optimize, and verify the proposed NBBM model.  

VIRTUAL ENVIRONMENT DESIGN 

In order to make the visual feeling for the operator 
during driving the real excavator, it is necessary to 
construct a virtual excavator, whose manner imitates the 
real excavator posture. Therefore, a combination of the 
Visual Basic program and the graphics library built 
upon OpenGL was implemented to create the virtual 
environment as displayed in Fig. 2.  
By employing this virtual environment, the virtual 
excavator actuation is defined by the optimized NBBM1 
model and the joystick commands. 

IDENTIFICATION METHODOLOGY USING 

NBBM MODEL 

Multi-layer Perceptron Neural Network 

In this study, the NBBM is a general MLPNN and was 
built in the M-files environment of Matlab 2006a. The 
MLPNN structure consists of three layers: one input 
layer, one hidden layer and one output layer, as seen in 
Fig. 3. With this structure, the MLPNN can approximate 
virtually any input-output map. In addition, the MLPNN 
structure is programmed flexibly and can be adjusted 
easily by changing three effective factors: N, K, P 

corresponding to numbers of neurons in the input layer, 
hidden layer and output layer, respectively.  
Considering the working principle of the MLPNN, the 
input layer is represented by a vector of input variables 
(u1, u2,…, uN). The input layer distributes these values to 
the neurons in the hidden layer. At neuron kth in the 
hidden layer, the values from the input layer are 
multiplied by weights (w1

k,n) and added together with a 
bias factor b1

k to produce a combined value (Sh1
k) . The 

weighted sum (Sh1
k) is then fed into an transfer function, 

1f , to obtain the output value (Oh1
k) of neuron kth. This 

calculating process is expressed as: 

1

1 1 1
,

1

1 1 1

,
1,

1( ) .
1 k

N

k k n n k
n

k k Sh

Sh w u b
with k K

Oh f Sh
e

 (1) 

The outputs from the hidden layer are then distributed to 
the output layer. At neuron pth, these values are 
multiplied by weights (w2

p,k) and added together with a 
bias factor b2

p to produce a combined value (Sh2
p) . The 

weighted sum (Sh2
p) is then fed into an transfer function, 

2f , to obtain the output value (yp) of neuron pth. The set 
of all the output values, yp, comprises the outputs of the 
MLPNN. And each of the output variables from the 
MLPNN can be obtained as: 

2 2 1 2
,

1
2 2 2

,
1,

( ) .

K

p p k k p
k

p p p

Sh w Oh b
with p P

y f Sh Sh
 (2) 

The training purpose is to find a set of weights and 
biases that minimize the error between the neural 
network outputs and the desired outputs. The MLPNN 
parameters are trained with the back propagation 
algorithm and Lerverberg-Marquardt (LM) method. 
Levenberg-Marquardt algorithm 

The LM algorithm is a standard technique used to solve  

Figure 3 Structure of the MLPNN 
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non-linear least squares problems. The LM algorithm is 
actually a combination of two minimization algorithms: 
the gradient descent algorithm and the Gauss-Newton 
algorithm. In the gradient descent algorithm, the sum of 
the squared errors is reduced by updating the parameters 
in the direction of the greatest reduction of the least 
squares objective. In the Gauss-Newton algorithm, the 
sum of the squared errors is reduced by assuming the 
least squares function is locally quadratic, consequently 
finding the minimum of the quadratic. The LM 
algorithm acts more like a gradient-descent method 
when the parameters are far from their optimal values, 
and it acts more like the Gauss-Newton algorithm when 
the parameters are close to their optimal values. 
Assuming that performance function F(x) required to be 
minimized is a sum of squares function: 

2

1

( ) ( )
H

h
h

F x v x . (3) 

where, x is parameters vector 1 2 ... mx x x x .
The LM algorithm minimizes the performance function 
F(x) by updating the parameters vector as the following 
equation: 

1 1[ ( ) ( ) ] ( ) ( )k k k k T k k T k k
kx x x x J x J x I J x v x  (4) 

where, xk is the parameters vector at time k; μk is a 
adaptive parameter and J(x) is Jacobian matrix, which is 
expressed by: 

1 1 1

1 2

2 2 2

1 2

1 2
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( ) ( ) ( )...

m

m

H H H

m
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v x v x v x
x x xJ x

v x v x v x
x x x

 (5) 

In Eq. (4), as the adaptive parameter μk is increased, the 
LM algorithm approaches the steepest descent 
algorithm with small learning rate. Conversely, as μk is 
decreased to zero the algorithm becomes Gauss-Newton. 
Therefore, this algorithm provides a nice compromise 
between the speed of Newton’s algorithm and the 
guaranteed convergence of steepest descent algorithm. 
NBBM model optimization using LM 

In order to train the NBBM model using the LM, the 
training set is specified by: 

1 1[ ( )... ( ), ... ( )] 1...Q
n pZ u t u t d d t t Q . (6) 

The performance function for the NBBM is given as: 

2 2 2
, , ,

1 1 1 1 1
( ) ( )

Q QP P H

i q i q i q h
q i q i h

F x d y e v  (7) 

Eq. (7) is equivalent to the performance function in Eq. 
(3). Where, v and x are expressed as: 

1 2 1,1 ,1 1, ,

1 1 1 1 2 2 2 2
1 2 1,1 , 1 1,1 , 1

[ ... ] [ ... ... ... ],

[ ... ] [ ... ... ... ... ]

T
H P Q P Q

T
m K N K P K P

v v v v e e e e

x x x x w w b b w w b b
(8) 

Therefore, the NBBM parameters can be optimized by 
using Eq. (4). The key step in updating the network 
parameters is the computation of the Jacobian matrix. 
Substituting Eq. (8) into Eq. (5), the Jacobian matrix for 
NBBM training can be written and calculated as: 

1,1 1,1 1,1
1 1 2

1,1 1,2

2,1 2,1 2,1
1 1 2

1,1 1,2
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1 1 2
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...

...
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e e e
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e e e
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e e e
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 (9) 
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e
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Finally, the training process of NBBM using the LM 
algorithm can be described as follows: 

Step 1: Present all inputs to the MLPNN and 
compute the corresponding network outputs using Eqs. 
(1)~(2) and performance function, F(x), using Eq. (7). 

Step 2: Compute Jacobian maxtrix by Eqs. (9)~(13). 
Step 3: Solve Eq. (4) to obtain kx
Step 4: Re-compute the sum of squared errors F(x)

using k kx x . If F(x) is smaller than that computed in 
step1, then divide μk by factor  >1, let 1k k kx x x
and go back step 1. If F(x) is not reduced, the multiply 
μk by factor  and go back step 3. 
The above process is implemented repeatedly until the 
desired NBBM is obtained. 
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a) Test rig diagram

b) Photograph of test rig
Figure 4 Test rig setup of pneumatic actuator 
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Figure 5 Pneumatic actuator response with respect to a 
chirp voltage input signal 

INVESTIGATION OF PROPOSED NBBM MODEL  

Test rig setup 

To investigate the identification ability of the proposed 
NBBM, the test rig was setup as in Fig. 4a. Here, a 
pneumatic cylinder was driven by a 5/3-way 
proportional valve manufactured by Festo Corp. The 
spool motion of this servo valve is proportional to its 

control signal sent from the PC through a D/A converter 
of the Advantech card PCI-1711 which was installed on 
a PCI slot of the PC. A linear variable differential 
transformer (LVDT) was fixed on the rig base to 
measure the displacement of the cylinder piston rod. A 
processing system was built in the PC with a CoreTM2 
Duo 1.8 GHz processor within the Simulink 
environment combined with Real-time Windows Target 
Toolbox of MATLAB 2006a. In addition, a 
magneto-rheological (MR) fluid damper from Lord 
Corp. was installed in series with the cylinder piston to 
create the working environment. Here, the loading 
condition can be varied by adjusting the current value 
applied to the MR damper. For safety of experiments, 
two limited bars were positioned on two sides of a slider 
to restrict the piston movement which protects MR 
damper from damages. A real photograph of the test rig 
is described in Fig. 4b.  
Generation of training data 

To obtain data for the pneumatic actuator identification 
using NBBM model, a series of experiments on the test 
rig in the Fig. 4 were conducted by using the 
opened-loop control system. For these experiments, a 
chirp voltage signal was applied to the servo valve. The 
chirp signal was a sine wave signal whose frequency 
increased from 0.1Hz to 2Hz at a linear rate with time 
and amplitude varied from 0 to 10V. The control system 
was built within Simulink/Matlab 2006a. Here, the 
sampling time was set to 0.01ms. The voltage signal, 
applied to the servo valve, and the piston displacement 
were collected as the training data. One of the 
experimental results for pneumatic actuator is plotted in 
Fig. 5. 
NBBM model training process 

The NBBM model training process is depicted in Fig. 6. 
As seen in Fig. 6, the input vector of NBBM model was 
a set of past values of the voltage applied for the servo 
valve and the piston displacement. The collected 
training data was used to train the NBBM model. After 
training, the training results were evaluated by the 
successful training rates (%) for the different NBBM 
structures as shown in Table 2 and Fig. 7.  

Figure 6 Block diagram for training NBBM model 
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Figure 8 Pneumatic actuator identification result using 
NBBM model 

Figure 9 Block diagram for verifying  
the optimized NBBM 

From these table and figure, the optimized NBBM, with 
four neurons in the input layer (three past applied 
voltage values and one past piston displacement value) 
and eights neurons in the hidden layer, could estimate 
the cylinder piston displacement with the highest 
accuracy (97.31%).  
The optimal NBBM parameters were obtained as in the 
Table 3. As a result, the pneumatic actuator 
identification result is displayed in Fig 8. This figure 
points out that the designed model has enough ability to 
represent the actuator dynamic behavior with high 
accuracy.

Table 2 Fitness table of the NBBM with different MLPNN structures (*Highest successful training rate) 

NBBM model fitness  Number of nodes in hidden layer 
Inputs vector Number of inputs 5 6 7 8 9 10 
[u(t-1),d(t-1)] 2 10.90 12.93 56.45 76.67 50.12 45.95 

[u(t-1),u(t-2),d(t-1)] 3 48.72 17.89 70.21 40.96 80.99 76.72 
[u(t-1),u(t-2),u(t-3),d(t-1)] 4 80.35 75.92 85.95 97.31* 82.31 28.71 

Table 3 Weights and bias values of the optimized NBBM model 

W1
ji-weights of hidden layer W2

ji-weights of output layer 
i 1 2 3 4 0 (for bias 1) 1 0 (for bias 2) 

j        
1 1.4879 -0.1596 -1.7700 -1.3735 2.6836 1.3099 -2.1464 
2 1.8619 0.0700 -2.1026 -3.3930 0.1666 1.4606  
3 1.6708 0.3012 -1.3575 -2.0326 0.1458 -1.6944  
4 -0.3543 -0.1000 0.6073 1.4458 -0.1775 7.8706  
5 0.0045 -0.2148 -0.4751 -0.5700 -0.4018 1.1862  
6 -0.9995 -0.1106 0.7257 2.0349 -0.1183 -4.7452  
7 1.9447 0.6566 -0.6531 -3.15 0.2151 -0.0410  
8 2.2526 0.0835 -1.9890 -3.3761 0.1182 -1.4585  
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Figure 11 Comparison between estimated and actual 
responses of the pneumatic actuator with respect to  

an applied square voltage signal 

NBBM model verification 

The NBBM model with its optimal design shown in the 
previous section was then verified by a comparison of 
the estimated and real pneumatic actuator performance. 
The verification diagram is displayed in Fig.9.  
At first, the comparison was performed with the 
sinusoidal applied voltage signal of which the frequency 
was 1.5 Hz and the voltage value was varied from 
0-10V. As a result, the comparison result was obtained 
as in Fig. 10. 
Next, a different type of the applied voltage signal was 
generated for pneumatic actuator to investigate the 
modeling accuracy when using the designed model. A 
square voltage signal with 0.5Hz of frequency and 
0-10V of amplitude was varied from was then applied to 
the pneumatic actuator. Consequently, the actual and 

estimated responses were obtained as in Fig 11. 
From the comparison results in Fig. 10~11, it is 
convincing that the proposed NBBM could identify the 
dynamic behavior of the pneumatic actuator well.  

CONCLUSIONS 

In this article, the novel force reflecting joystick control 
method for applications to excavators was described. To 
implement this proposed method, the two first 
generation steps were also presented. The first step is 
building the excavator 3D model in virtual environment. 
As the second step, the NBBM was proposed and 
designed for identifying dynamic behaviors of the 
FRJM and excavator. To verify the effectiveness of the 
designed NBBM, the test rig employing the pneumatic 
actuator was then setup. The identification results prove 
that the proposed NBBM has strong potential to be 
applied to the presented FRJC method. Consequently, 
completing the proposed method is the subject for 
future research. 

ACKNOWLEDGEMENTS 

This work was supported by University of Ulsan, 
School of Excellence in Mechanical Engineering 

REFERENCES 

1. Hirata, M., Yuichi, N., Fumio M. and Tsugito, 
Design of Teleoperation System with a 
Force-Reflecting Real-time Simulator, 3rd 
International Symposium on Artificial Intelligence, 
Robotics and Automation in Space, 1994, pp. 
125-135. 

2. Cha, D. H. and Cho, H. S., Design of a force 
reflection controller for telerobot systems using 
neural network and fuzzy logic, Journal of 
Intelligent and Robotic Systems, 1996, 16, pp. 1-24. 

3. Ahn, K. K. Development of force reflecting joystick 
for hydraulic excavator, KSME International Journal 
C, 2004, 47-3, pp. 858-863. 

4. Truong, D. Q. and Ahn, K. K., Design and 
verification of a nonlinear black-box model for ionic 
polymer metal composite actuator, Journal of 
intelligent material systems and structures, 
2011,23-3, pp. 253-269. 

5. Katherine, J. K. and Gunter N., Induced master 
motion in force-reflecting teleoperation, the ASME 
Journal of Dynamic Systems and Controls, 2011,128, 

pp. 800-810. 

656 Copyright © 2011 by JFPS, ISBN 4-931070-08-6



DYNAMIC FRICTION CHARACTERISTICS OF PNEUMATIC 
ACTUATORS AND THEIR MATHEMATICAL MODEL 

Xuan Bo TRAN* and Hideki YANADA**  
                                                                                  

 * Mechanical & Structural Systems Engineering 
 Toyohashi University of Technology 

 1-1, Hibarigaoka, Tempaku-cho, Toyohashi 441-8580, Japan 
(E-mail: t089102@edu.imc.tut.ac.jp) 

** Department of Mechanical Engineering 
 Toyohashi University of Technology 

1-1, Hibarigaoka, Tempaku-cho, Toyohashi 441-8580, Japan 

          
ABSTRACT 

This paper deals with dynamic friction characteristics in the gross-sliding regime of pneumatic cylinders. Using three 
pneumatic cylinders, friction characteristics are investigated and modeled under various conditions of velocity and 
pressures. It is shown that a hysteresis loop behavior can be seen at low velocities in the friction force-velocity relation 
and the friction force varies nearly linearly with the velocity at high velocities. The hysteresis loop is expanded to higher 
velocity when the frequency of the velocity variation is increased, and its size increases with increasing driving pressure 
and decreases with increasing resistance pressure. It is shown that these behaviors can be relatively accurately modeled 
by the modified LuGre model. The pressures have influence on the maximum static friction force, the Coulomb friction 
force and the Stribeck velocity of the model. 

KEY WORDS

Friction, Dynamic behavior, Pneumatic actuator, Mathematical model 

NOMENCLATURE 

a :  acceleration  
Ai :  piston area (i=1,2)  
Fc :  Coulomb friction force 
FL :  force acting on load cell 
Fr :  friction force 
Frss :  steady-state friction force 
Fs :  maximum static friction force  
g :  Stribeck function   
h :  dimensionless dynamic 
 :  lubricant film thickness 

hss :  dimensionless steady-state 
 :  lubricant film thickness 
Kf :  proportional constant for 
 :  lubricant film thickness 
m :  mass of the pneumatic piston  
n :  exponent for Stribeck curve  
pi :  pressure (i=1,2)
ps :  supply pressure 
v :  velocity  
vb :  velocity at maximum film  
 :  thickness  
vs :  Stribeck velocity 
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z :  mean deflection of bristles 
0 :  stiffness of bristles
1 :  micro-viscous friction  

 :  coefficient for bristles 
2 :  viscous coefficient  

h :  time constant for lubricant 
 :  film dynamics 

hp :  time constant for acceleration 
 :  period 

hn :  time constant for decelation 
 :  period 

h0 :  time constant for dwell time 

INTRODUCTION

Friction is always present in pneumatic actuator systems 
and makes the dynamics of pneumatic position/velocity 
control systems rather complex and precise 
position/velocity control is usually difficult. It is, 
therefore, necessary to investigate the friction 
characteristics and develop a suitable friction model for 
pneumatic actuators to improve the control performance 
of pneumatic actuator systems. However, it is extremely 
difficult to obtain friction characteristics of a pneumatic 
actuator when the actuator is pneumatically operated 
due to the difficulties in controlling the velocity of the 
actuator.
Several experimental methods have been proposed to 
investigate the friction characteristics of pneumatic 
actuators [1-3]. Schoroeder and Singh [1] proposed an 
experimental test setup in which the friction force was 
calculated by detecting the force exchanged by the rods 
of the tested pneumatic cylinder and of a load 
pneumatic cylinder assembled with a reversed working 
direction. Belforte et al. [2] proposed an experimental 
test setup in which the velocity of the test pneumatic 
cylinder was controlled by a driving hydraulic cylinder 
and the pressures of the chambers were controlled by 
pressure-proportional valves in order to measure the 
friction force under a broad range of operating 
conditions of velocity and pressures. Nouri [3] proposed 
an experimental test setup to identify the friction force 
in both the pre-sliding and gross-sliding regimes of a 
rodless cylinder. However, these experimental methods 
mainly focused on investigating the friction 
characteristics under steady-state conditions. To the best 
of the authors' knowledge, the friction characteristics of 
pneumatic actuators under dynamic conditions have not 
fully been investigated. 
Several mathematical models that describe the dynamic 
behaviors of friction have been proposed so far [4-9] 
and among them, the LuGre model [6] is most widely 
utilized. However, all these models cannot simulate well 
the friction behaviors of a hydraulic cylinder in the 
gross-sliding regime as shown in [10]. Yanada and 
Sekikawa [10] have made a modification to the LuGre 

model by incorporating lubricant film dynamics into the 
model and it has been shown that the proposed model, 
called the modified LuGre model, can simulate dynamic 
behaviors of friction observed in hydraulic cylinders 
with a relatively good accuracy [10-12]. However, the 
validity of the modified LuGre model in simulating the 
dynamic friction characteristics of pneumatic cylinders 
has not been investigated. 
In this paper, first a new experimental test setup is 
developed to examine dynamic friction characteristics 
of pneumatic cylinders under various operating 
conditions of velocity variation and pressures in the 
cylinder chambers. The modified LuGre model is then 
used to simulate the dynamic friction characteristics 
measured. A parameter investigation is also conducted 
to identify the influence of the pressures in the cylinder 
chambers on the modified LuGre model’s parameters. 

TEST SETUP AND EXPERIMENTS 

The test setup used in this investigation is shown in 
Figure 1. It consists of a pneumatic cylinder under test 
and an electro-hydraulic servo cylinder system. The 
pneumatic piston was driven by the hydraulic piston in 
order to precisely control the velocity of the pneumatic 
piston. Pressures in two chambers of the pneumatic 
cylinder were independently controlled by using two 
proportional valves (pressure type). The valves provide 
air flow up to 0.025 m3/s and allow controlling the 
pressures up to 0.65 MPa. The motion of the hydraulic 
cylinder was controlled by a computer through an 
amplifier and a servovalve. The supply pressure of the 
servovalve was set at 2 MPa, providing enough force to 
drive the pneumatic piston.  
A load cell with a rated output of 500 N and with an 
accuracy less than 0.15% R.O., which was set between 
the rod of the pneumatic cylinder and the rod of the 
hydraulic cylinder, was used to measure the force acting 
on the pneumatic piston. Two pressure sensors with an 
accuracy less than 2% F.S. were used to measure the 
pressures, p1, p2, in the cylinder chambers, and the 
piston velocity, v, was measured using a tachometer 
generator with a ripple of less than 2% by converting 
linear motion of the piston to rotational motion through 
a pulley and belt system. 
The values of velocity, pressures, and force from the 
sensors were read into a computer through an A/D 
converter and the computer provided the control signals 
to the proportional valves and servovalve though a D/A 
converter. The acceleration, a, of the piston was 
calculated by an approximate differentiation of the 
piston velocity accompanied by a first-order low pass 
filter with 50 Hz cutoff frequency. The velocity of the 
pneumatic cylinder, v, and the pressures, p1, p2, were 
controlled by using PID control laws. Experimental data, 
i.e., velocity, v, pressures, p1, p2, and acceleration, a,
were recorded at the interval of 0.5 ms (2 kHz). 
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Figure 1 Schema of experimental test setup  

The friction force, Fr, is obtained from the equation of 
motion of the pneumatic piston using the measured 
values of the pressures in the cylinder chambers, the 
inertia force and the force acting on the load cell as 
follows: 

Lr FmaApApF 2211                     (1) 

where m is the mass of the pneumatic piston, A1, A2 are 
the piston areas, and FL is the force acting on the load 
cell.
Three different pneumatic cylinders were used for the 
experiments: standard, smooth, and low speed cylinders. 
They are of the same size but have different operating 
conditions of the velocity and pressure as shown in Table 
1. In this experiment, dynamic friction force-velocity 
characteristic was measured under different conditions of 
the velocity and pressures. The input velocity of the 
pneumatic piston was varied sinusoidally in both the 
extending and retracting strokes of the cylinder between 
0.005 and 0.12 m/s at three different frequencies of 0.5, 2, 
and 4 Hz. Pressures, p1 and p2, in the cylinder chambers 
were varied between 0 and 0.6 MPa. Every experiment 
was conducted three times to verify the repeatability of 

the experimental result.

MODIFIED LUGRE MODEL 

Yanada and Sekikawa [10] have extended the LuGre 
model [6], called the modified LuGre model, for 
simulating the dynamic friction behaviors of hydraulic 
cylinders by incorporating a dimensionless lubricant film 
thickness parameter, h, into the Stribeck function. The 
model is described by 

v
hvg
zv

dt
dz

),(
0                             (2)  

                                    

v
dt
dzzFr 210

                        (3) 

where z is the mean deflection of the elastic bristles, v is 
the velocity between the two surfaces in contact, Fr is the 
friction force, 0 is the stiffness of the elastic bristles, 1

is the micro-viscous friction coefficient, and 2 is the 
viscous friction coefficient. g(v,h) is a Stribeck function 
that expresses the Coulomb friction and the Stribeck  

Table 1 Specifications of pneumatic cylinders tested 

Specifications Standard cylinder Smooth cylinder Low speed cylinder
Bore diameter (mm) 25
Rod diameter (mm) 10

Stroke (mm) 300 
Operating velocity (mm/s) 50 - 750 5 - 500 0.5 - 300 
Operating pressure (MPa) 0.05 - 1 0.02 - 1 0.005 - 1 
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effect and is given by 

n
svv

csc eFFhFhvg )()1(),(           (4) 
                                   
where Fc is the Coulomb friction force, Fs corresponds to 
the maximum static friction force, vs is the Stribeck 
velocity, and n is an appropriate exponent. The lubricant 
film dynamics can be given by  

)(1 hh
dt
dh
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h

                          (5)  
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32||1 bscf vFFK                        (8)                                                        

where hss is the dimensionless steady-state lubricant film 
thickness parameter, Kf is the proportional constant for 
lubricant film thickness, vb is the velocity at which the 
steady-state friction force becomes minimum, and hp, hn,
and h0 are the time constants for acceleration, 
deceleration, and dwell periods, respectively. In Eq. (6), 
h<hss corresponds to the acceleration period, h>hss to the 
deceleration period.  
For steady-state, friction force is given by 

veFFhFF
n

svv
cssscrss 2

)()1(      (9) 
                                    
The static parameters of the modified LuGre model, Fs,
Fc, vs, vb, n, and 2, can be identified experimentally 
from steady-state friction force-velocity characteristic 
and the dynamic parameters, 0, 1 and h, can be 
identified experimentally by the methods proposed in 
[11]. 

RESULTS AND DISCUSSION 

Figure 2 shows dynamic friction force-velocity 
characteristics measured in the extending stroke of three 
pneumatic cylinders. Figure 2(a) shows the sinusoidal 
velocity variation of the pneumatic piston and Figure 
2(b) shows the friction force versus velocity curves. The 
pressures, p1 and p2, in the cylinder chambers were 
controlled and kept constant at 0.3 and 0 MPa, 
respectively. It is shown in Figure 2(b) that a hysteresis 
behavior can be obtained from the friction force-velocity 
curves at small velocities ( ) for all the three m/s02.0v

a) Velocity variation (f=0.5 Hz) 

b) Friction force vs. velocity 
Figure 2 Dynamic friction force-velocity characteristics 

for three pneumatic cylinders in extending stroke  
(p1=0.3 MPa, p2=0 MPa) 

pneumatic cylinders. The hysteresis loops of the smooth 
and low speed cylinders are relatively small as compared 
to the one of the standard cylinder. At high velocities, the 
friction forces are increased nearly linearly with the 
velocity. 
Figure 3 shows dynamic friction force-velocity 
characteristics measured in the retracting stroke of three 
pneumatic cylinders. In this case, the pressures, p1 and p2,
in the cylinder chambers were kept constant at 0 and 0.3 
MPa, respectively. As can be seen from Figure 3(b), the 
hysteresis behavior can be obtained only for the standard 
cylinder at small velocities. For the smooth and low 
speed cylinders, the friction force varies almost linearly 
with the velocity in the whole velocity range.  
Figure 4 shows dynamic friction force-velocity 
characteristics of the standard cylinder measured at three 
different frequencies of velocity variation: 0.5, 2, and 4 
Hz, for both the extending and retracting strokes. It is 
shown in Figure 4(a) for the case of extending stroke that 
when the frequency is increased, the hysteresis loop is 
expanded to higher velocities and becomes larger. In 
addition, a reduction of the friction force at small 
velocities can be seen when the frequency is increased. 
For the case of retracting stroke in Figure 4(b), it is 
shown that the hysteresis loop is also expanded to higher 
velocities but becomes smaller when the frequency is 
increased. The effects of the frequency of velocity   
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a) Velocity variation (f=0.5 Hz) 

b) Friction force vs. velocity 
Figure 3 Dynamic friction force-velocity characteristics 

for three pneumatic cylinders in retracting stroke  
(p1=0 MPa, p2=0.3 MPa) 

a) Extension (p1=0.3 MPa, p2=0 MPa) 

b) Retraction (p1=0 MPa, p2=0.3 MPa) 
Figure 4 Dynamic friction force-velocity characteristics 

under different frequencies (standard cylinder) 

a) Effect of p1 (p2=0 MPa, f=0.5 Hz) 

b) Effect of p2 (p1=0.6 MPa, f=0.5 Hz) 
Figure 5 Dynamic friction force-velocity characteristics 

under different pressures in extending stroke  
(standard cylinder) 

variation on the dynamic friction force-velocity 
characteristics for the smooth and low speed cylinders 
are similar to those for the standard cylinder. 
Figure 5 shows the effects of pressures, p1 and p2, on the 
dynamic friction force-velocity characteristics for the 
standard cylinder in the extending stroke. In this case, p1
is the driving pressure and p2 is the resistance pressure. 
Figure 5(a) shows the effect of pressure, p1, when the 
pressure, p2, is kept constant at 0 MPa, and Figure 5(b) 
shows the effect of pressure, p2, when the pressure, p1, is 
kept constant at 0.6 MPa. As can be seen from Figures 
5(a) and 5(b) that the hysteresis loop becomes larger with 
increasing pressure, p1, and becomes smaller with 
increasing pressure, p2.
Figure 6 shows the effects of pressures, p1 and p2, on the 
dynamic friction force-velocity characteristics for the 
standard cylinder in the retracing stroke. In this case, p2
is the driving pressure and p1 is the resistance pressure. 
Figure 6(a) shows the effect of pressure, p2, when the 
pressure, p1, is kept constant at 0 MPa, and Figure 6(b) 
shows the effect of pressure, p1, when the pressure, p2, is 
kept constant at 0.6 MPa. As can be seen from Figures 
6(a) and 6(b) that the hysteresis loop becomes larger with 
increasing pressure, p2, and becomes smaller with 
increasing pressure, p1. From the results obtained in 
Figures 5 and 6, it can conclude that the driving pressure 
makes hysteresis loop larger and the resistance pressure 
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a) Effect of p2 (p1=0 MPa, f=0.5 Hz) 

b) Effect of p1 (p2=0.6 MPa, f=0.5 Hz) 
Figure 6 Dynamic friction force-velocity characteristics 

under different pressures in retracting stoke  
(standard cylinder) 

makes hysteresis loop smaller. The effects of the 
pressures on the dynamic friction force-velocity 
characteristics for the smooth and low speed cylinders 
are similar to those for the standard cylinder. 
Based on the experimental results, all the parameters of 
the the modified LuGre model were identified at 
different conditions of the pressures, p1 and p2, for three 
cylinders. In this paper, only the identification results for 
the case of extending stroke are shown. The results 

Table 2 Values of parameters of the modified LuGre 
model for three cylinders at p1=0 MPa, p2=0 MPa 

Parameters Standard 
cylinder 

Smooth 
cylinder 

Low speed 
cylinder 

Fs0 [N] 16 3.6 4.5 
Fc0 [N] 5 3.6 4.5 

vs0 [m/s] 0.005 0.005 0.005 
vb [m/s] 0.025 0.025 0.025 

n 2.5 0.5 0.5 
2 [Ns/m] 25 72 53
0 [N/m] 1.5×104 1.5×104 1.5×104

1 [Ns/m] 0.1 0.1 0.1 
hp [s] 0.02 0.01 0.01 
hn [s] 0.15 0.2 0.2 
h0 [s] 20 20 20

a) Effect of p1 (p2=0 MPa) 

b) Effect of p2 (p1=0.6 MPa) 
Figure 7 Relations between the pressures and the model 

parameters in extending stroke (standard cylinder) 

identified for three cylinders at a condition of p1=p2=0
MPa are shown in Table 2. For other conditions of 
pressures, the identification results show that the values 
of the maximum static friction force (Fs), the Coulomb 
friction force (Fc) and the Stribeck velocity (vs) of the 
modified LuGre model are changed with the pressures 
while other parameters are unchanged. Figure 7 shows 
the relations between the values of the parameters, Fs, Fc,
vs, and the pressures, p1, p2 for the standard cylinder. It is 
shown in Figure 7 that the value of Fc increases with 
both p1 and p2, while the values of Fs and vs increase with 
p1 and decrease with p2.
Figure 8 shows comparisons between the dynamic 
friction characteristics measured and the ones simulated 
by the modified LuGre model for the standard, smooth 
and low speed cylinders. The simulations were done 
using MATLAB/Simulink. As can be seen from Figure 8, 
all the simulated results are in good overall agreement 
with the measured results. However, the hysteresis 
behaviors of the smooth and low speed cylinders at small 
velocities are hardly simulated by the modified LuGre 
model.  
Figures 9 shows the simulation results obtained by the 
modified LuGre model and needs to be compared with 
the experimental results shown in Figure 4(a) for the 
effect of the frequency. The comparison shows that the 
modified LuGre model cannot predict the expansion of 
the hysteresis loop in the measured result when the  
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a) Standard cylinder 

b) Smooth cylinder 

c) Low speed cylinder 
Figure 8 Comparison between measured and simulated 

results for three pneumatic cylinders (p1=0.3 MPa,  
p2=0.0 MPa, f=0.5 Hz) 

Figure 9 Simulation results corresponding to Figure 4(a) 

a) Effect of p1 (p2=0 MPa) 

b) Effect of p2 (p1=0.6 MPa) 
Figure 10 Simulation results corresponding to Figure 5 

frequency is increased; as shown in Figure 9, the 
hysteresis loop predicted by the modified LuGre model 
becomes smaller by increasing the frequency. However, 
the model can predict the reduction of the friction force 
at small velocities when the frequency is increased. The 
reason for the discrepancy between the simulated results 
and measured ones obtained in Figures 8 and 9 may be 
due to the effects of other factors of mechanism, which is 
not clear at present and are not taken into account in the 
modified LuGre model.
Figure 10 shows the simulation results obtained by the 
modified LuGre model and needs to be compared with 
the experimental results shown in Figure 5. The 
comparison shows that the modified LuGre model can 
predict accurately the variation of the hysteresis loop 
when the pressures are varied.

CONCLUSION 

In this paper, dynamic behaviors of friction of pneumatic 
cylinders are experimentally investigated at various 
conditions of velocity and pressures. The experimental 
results show that a hysteresis behavior can be obtained at 
low velocities in the dynamic friction force-velocity 
relation and the friction force varies nearly linearly with 
the velocity at high velocities. The hysteresis loop is 
expanded to higher velocity when the frequency of the 
velocity variation is increased, and its size increases with 
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the driving pressure and decreases with the resistance 
pressure. It is shown that these behaviors can be 
relatively accurately modeled by the modified LuGre 
model. The pressures have influence only on the 
maximum static friction force, the Coulomb friction 
force and the Stribeck velocity. 
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ABSTRACT

The purpose of this study is to develop a portable energy-saving type air supply system. A variable volume tank is developed in order 

to drive a pneumatic actuator with a low discharge pressure in a tank. The developed tank composed of flexible materials can store a 

pneumatic energy by converting it to an elastic energy. In this paper, the composition of the system, the structure and characteristic 

of a variable volume tank and experiment of driving actuator with constant and variable volume tanks are discussed. As a result, a 

variable volume tank can drive the actuator at low pressure compared with the constant volume tank.

KEYWORDS

Pneumatic, Portable air supply system, Variable tank, Energy conservation

INTRODUCTION

At present, the age of the population is advancing in 
Japan. According to publication of Cabinet Office, the 
rate of elderly person to total population reached the
level of an aging society 7.0[%] in 1970. After that, 
the rate of it had increased 21[%] in 2007 [1].
Therefore, it is a problem that a care load increases.

To decrease a care load, the wearable robot which can 
decrease a physical load has been developed. The 
wearable robot is used by human on a body. So the 
structure of the wearable robot is required to have a
human friendliness. Therefore, the many wearable 
robots constructed with a pneumatic actuator have 
been developed. The pneumatic actuator has flexibility,
a light weight and a high power weight ratio. And it 

665

Proceedings of the 8th JFPS International
Symposium on Fluid Power, OKINAWA 2011

Oct. 25-28, 2011

2D3-1

Copyright © 2011 by JFPS, ISBN 4-931070-08-6



Figure 2 Power assist glove

Figure 1 Previous supply system

Tank

Compressor

Valve

Air

Actuator

has the advantage that this actuator does not effect on 
a human body and surrounding environment compared 
with the electric and the hydraulic actuators. However,
the air supply system to send the compressed air to the 
actuator is required to drive the pneumatic actuator.
The air supply system is configured with a compressor,
a tank, a control valve. It is desirable that the air 
supply system should have a portable size to use a 
wearable robot in a daily life.
The purpose of this study is to develop a portable
energy-saving type air supply system. A variable 
volume tank is developed in order to drive a 
pneumatic actuator with a low discharge pressure in a 
tank. The developed tank composed of flexible 
materials can store a pneumatic energy by converting 
it to an elastic energy. In this paper, the definition of 
the pneumatic energy is discussed, and then the 
problem of a constant volume tank and the structure 
and the characteristic of the variable volume tank are 
discussed. Finally, the experiments of supplying a
compressed air to the actuator with the constant or the 
variable volume tanks are described.

PNEUMATIC ENERGY

The air power included the compressed air is 
necessary to drive the pneumatic actuator. The air 
power [2] is a total of the time derivative power 
transmission energy and expansion energy. The power 
transmission energy is a power to transmit the 
mechanical energy in the compressed air to 
downstream. The expansion energy is a power to 
expand the compressed air. The air power is calculated 
from a pressure and a flow rate as follow:

Wap, Pa, P and Qa are shown an air power, an 
atmospheric pressure, an absolute pressure and flow 
rate under the atmospheric state, respectively. The
pneumatic energy is calculated as follow:

Eair , ts, and n are pneumatic energy sampling time and 
sampling number, respectively. In this paper, the air 
system is evaluated from the view point about the 
above pneumatic energy.

CONSTANT VOLUME TANK

Figure 1 shows the flow of the compressed air of usual 
air supply system. The air compressed by compressor 
is saved in the tank as shown in Figure 1 . The 
compressed air is supplied through the control valve as 
shown in Figure 1 . The compressed air is released 
through the valve when the pressure is decreased as 
shown in Figure 1 . Decreasing the charged 
pressure in the tank to drive the actuator is the target 
of this study. In this study, the power assist glove 
shown in Figure 2 is used as the pneumatic actuator in 
this system [3]. A required pressure (Pm) to drive a 
power assist glove is 200[kPa].
In order to develop energy-saving type air supply 
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system based on a pneumatic energy, the pneumatic 
energy to drive a power assist glove is measured. In 
addition, the pneumatic energy charged in a tank at
several constant inner pressures is also measured.
Figure 3 shows the experimental setup to measure a 
pneumatic energy. A pressure sensor, a flowmeter and 

tank are connected to output of pressure control 
valve. The tank shown in Figure 3 is changed to a 
power assist glove when the required energy is 
measured to drive for a glove.
The maximum inner pressure of a power assist glove 
is 200[kPa] when a required pneumatic energy to drive
the glove is measured. Figure 4 shows the relation 
between pressure and consumption pneumatic energy
in the glove at the each pressure. From this result, a 
required pneumatic energy to drive a glove is about 
70[J].
Figure 5 shows the image about the pressure state 
before and after supplying the compressed air form the 
tank to the actuator. In Figure 5, the diagonal line 
represents the compressed air. If a tank charged the
compressed air is connected with a power assist glove,
compressed air is supplied from a tank to a power 
assist glove, then the all energy in the tank and the 
glove is kept at the initial charged energy in the tank if 
the energy loss does not occur. It is required to 
increase pneumatic energy 70[J] further from the 
energy in 200[kPa] in order that the inner pressure 
becomes 200[kPa], which is required pressure to drive 
the glove. In this experiment, the compressed air is 
supplied until the maximum charged pressure in 
Figure 4. In addition, several constant volume tank, 
0.2, 0.75, 0.95, 1.5, 1.7[l] are measured. Figure 6
shows the relation between the pressure and the 
charged pneumatic energy in the each tank and Table 1 
shows pressure when the pneumatic energy 70[J] to 
drive the glove is charged. A large constant volume 
tank is required when a low discharge pressure 
compressor is used. On the other hand, the system 
portability decreases when a large constant volume 
tank issued. The pneumatic energy in 200[kPa], which 
is shown the broken line arrow, can not be used to 
drive the glove. This energy can be considered like an 
energy loss because this energy can not be used to 

drive the glove.

VARIABLE VOLUME TANK

The required pressure decreases as the tank volume 
increases. However, the above remaining energy also
increases as the volume increases.

(a) Before

(b) After
Figure 5 Drive of actuator

Figure 3 Experimental setup to measure pneumatic 
energy

Figure 4 Result of energy (glove)
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(a) 0.2[l]                (b) 0.75[l]

(c) 0.95[l]               (d) 1.5[l]

(e) 1.7[l]

Figure 6 Result of energy (glove and constant tank)

Table 1Tank volume and required charged pressure

Tank volume[l] Required charged pressure[kPa]
0.2 440

0.75 290
0.95 270
1.5 245
1.7 240
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Figure 7 Ideal variable tank

(a) Structure

(b) Over view
Figure 8 Variable volume tank
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In this study, a variable volume tank is developed. The 
developed tank can be increased the tank volume by 
supplying the compressed air. The volume of this tank 
is decreased after supplying a compressed air to a 
target object, which is glove in this study. Therefore, it 
can be expected by decreasing the volume that the 
remaining energy in the tank can be decreased.
Figure 7 shows the ideal charged energy characteristic 
compared with the constant volume tank. Pd, Ed

represent the required pressure (200[kPa]) and the 
consumption energy to drive the glove. Pt represents 

the maximum charged pressure in the each tank. It is 
desirable that the charged energy is small under Pd in 
order to decrease the remaining energy. Therefore, the 
volume must be small under Pd. In order to decrease 
the charged pressure Pt in the tank, the volume over Pd

must be large.
Figure 8 shows the structure and the overview of 
developed tank. This tank can realize flexibility and a
light weight and can charge a pneumatic energy by 
converting it to an elastic energy. This tank is 
composed with a rubber tube, and rubber bands. The 
rubber tube is covered with the rubber band. This 
rubber tube is prevented the expansion to the length 
direction by the rubber band. By covering with the 
rubber band, the rubber tube can expand to only the 
radial direction when the compressed air is supplied. 
The charged energy characteristic can be changed by 
increasing or decreasing the number of the rubber 
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Figure 9 Charged energy characteristic
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band. The outer and inner diameters of the rubber tube 
are 33 and 24[mm]. The inner length between the 
plugs is 100[mm]. The initial inner volume is about 
0.045[l]. The weight is about 185[g]. The 
circumference length is limited about 240[mm] by a 
nylon band to prevent an excessive expansion.
The energy characteristic is measured by the same 
system shown in Figure 5. The developed tank is 
pressurized until 280[kPa] in this experiment. The 
number of the rubber band is single and double layers. 
Figure 9 shows the charged energy characteristic.
From Figure 9, the developed tank can be almost 
realize a ideal characteristic shown in Figure 7.

EXPERIMENT TO SUPPLY PNEUMATIC

The power assist glove is driven using the constant 
and the variable volume tanks. In this experiment, the 
inner pressure of the tank and the power assist glove 
are measured when the compressed air is supplied 
from the tank to the glove. Figure 10 shows the 
experimental setup. In order to supply the pressure 
stably, the pressure control valve is used as a power 
source for the tank in this system. In an actual system, 
the compressor is used instead of this pressure control 
valve. Three constant volume tanks, 0.2 and 0.95, 
1.7[l], are used in this experiment. The maximum 
charged pressures in each tank considered an energy 
loss, which is decided experimentally, are shown in 
Table 2. The tank is pressurized until the maximum 
charged pressure by the pressure control valve for 
20[s]. The air flow between the pressure control valve 
and the tank is shut off by the ON-OFF valve 1 at 
25[s]. The compressed air in the tank is supplied by 
the ON-OFF valve 2 to the glove at 28[s]. Figure 11 
shows the overview of the experimental system before 
and after the compressed air is supplied. From these 
pictures, it can be confirmed that the glove is 
pressurized by decreasing the glove is pressurized by 
decreasing the volume of the developed tank.
Figure 12 shows the experimental results when the 
each tank is used. From the results, the variable 
volume tank has the almost same result of the constant 
volume 0.95[l] even though the initial volume of the 

variable one is 0.045[l]. In addition, the glove can be 
pressurized by using the developed tank at the lower 
charged pressure than the constant volume 0.2[l].
The same experiment is verified when the small size 
compressor (SQUSE MP-2-C) is used instead of this 
pressure control valve. Three constant volume tanks, 
0.75 and 0.95, 1.7[l], are used in this experiment. The 
maximum charged pressures in each tank are shown in 
Table 3. The tank is pressurized until the maximum 
charged pressure by the compressor. When the charged 
pressure arrives to the maximum charged pressure, the 
compressor is stopped. The compressed air in the tank 
is supplied by the ON-OFF valve 2 to the glove after 
stopping the compressor. The ON-OFF valve 1 is used 
to exhaust the compressed air in the tank after the 
experiment.
Figure 13 shows the experimental results. From the 
results, the variable volume tank can be pressurized 

Figure 10 Experimental setup

Table 2 Maximum charged pressure

Tank Volume[l] Pressure[kPa]
(a) constant 0.2 500
(b) constant 0.95 280
(c) constant 1.7 245
(d) variable - 280
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until the maximum charged pressure in a short time 
compared with the constant volume tank. The variable 
volume tank has the small volume under the low 
charged pressure, then this tank can be pressurized in a 
short time. The above is the advantage when the 
portable air supply system is constructed by using the 
small size compressor, which has the low discharge 
performance.

CONCLUTION

From the results, the variable volume tank can be used 
at low charged pressure compared with a constant 
volume tank. In addition, the variable volume tank can 

be pressurized until the maximum charged pressure in 
a short time compared with the constant volume tank. 
These are the advantages when the portable air supply 
system is constructed by using the small size 
compressor, which has the low discharge performance.
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Table 3 Maximum charged pressure

Tank Volume[l] Pressure[kPa]
(a) constant 0.75 300
(b) constant 0.95 280
(c) constant 1.7 245
(d) variable - 280

(a) 0.75[l]             (b) 0.95[l]

(c) 1.7[l]          (d) Variable

Figure 13 Pressurized experiment using compressor
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ABSTRACT

This study discusses the search and rescue mobile robot which is aimed to go through narrow and curving routes and 
pipes inside the collapsed houses. This robot is inspired by the action of the octopus drawing out its arms. Since it uses 
the part of the arm that was drawn out as support for its advancing motion, it is expected to carry a camera without 

-drive. 
-drive the tube is bent, forming a buckling point on it, which helps to cut off the fluid passage in order to provide 

the driving force to the slider when pressurizing one side of the tube. Finally, it is experimentally verified through 
experiments that this robot is able to go through some narrow and curving pipes.

KEY WORDS

Key words, Pneumatic actuator, Rescue Robot, Flat tube, Flexible actuator, Octopus

INTRODUCTION

A long pole with a camera and a fiberscope are used as 
methods to find someone who is left inside collapsed 
buildings when an earthquake occurs. But the search 
area of the long pole with a camera is limited within the 
reachable distance of the pole. Besides, it can only 
approach through linear paths. The fiberscope can 
follow the route for its flexibility. However, it can get
stuck because it is pushed from the entrance of the route 
to go through. Although mobile rescue robots using 
wheels or crawlers [1-2] might be capable of searching 
much wider region in 3D, they are still hard to traverse
over irregular terrain with the obstacles higher than their 
own size. The method of letting the whole body going
forward at the same speed [3] has the problem that the 
moving direction of the whole body tends to be unstable 

on the bumpy terrain, for the driving direction at each 
contact point on the ground varies with the contact 
condition.

Figure 1 Image of the rescue operation by a hose-shaped 
robot passing through a water pipe to search for 
survivors
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On the other hand, as the method of moving each part of 
the body intermittently with different phase, the gait 
composed of the moving mode and the fixed mode, 
motivated by the behavior of an earthworm and an 
inchworm [4-8], is one of the examples. The problem is 
how to enable the part of the body to being fixed to the 
bumpy path stably in the fixed mode and how to reduce 
the friction in the moving mode. To solve these
problems, Grow-hose-I [9] is proposed. It can go 
through some narrow and curving routes. However, in 
order to be able to go through narrower routes and 
smaller curving radius routes, its structure needs to be
simpler. Therefore, we refer to the drawing out action of 
an octopus shown in Figure 2 [10]. Since it uses a part 
of the arm that was drawn out as support for its 
advancing motion, it is expected to carry a camera 
without depending on the inside state of the routes and 
the size of pipes. To realize this action, we use the flat 
tube and head unit which is composed of a camera and a

-drive [11].
In this paper, we compare the difference between the 
existing drawing -drive. Next, 
we explain how to reduce the friction. Moreover, we 
show experimental results of its basic operation and the 
validity of the analysis is verified. Finally, it is 
experimentally verified that this robot is able to go 
through some narrow and curving pipes.

Figure 2 Drawing out action of an octopus

OUTLINE OF THE DRAWING OUT TYPE DRIVE

A drawing out type drive using a round tube and pinch 
roller is one of the methods to realize the drawing out 
action like an octopus [12]. One side of the round tube 
which is pinched by two rollers to cut off the fluid 
passage is pressurized, and it goes forward. But in order 
to cut off the fluid passage completely, it needs to pinch 
the tube with a strong force. This causes the friction 
between the two rollers and the round tube.
Therefore, we use a flat tube and -drive. The cross 
section of a flat tube forms the flat shape in 
non-pressurized condition, while it approaches the 
round shape in pressurized condition keeping its 
peripheral length approximately constant. When it 
bends and its one side is pressurized, the buckling point 
which can cut off the fluid passage without pinch roller 
occurs (Figure 3). But the pressurized tube tends to be 
linear shape. So, in order to keep the tube bent, we use 
two rollers as shown in Figure 4. The stopper roller and 

cover roller prevents the flat tube from slipping out. The 
-drive. Since the tube is 

not pinched in it, it is expected to generate more strong 
force than the pinch roller mechanism.

Figure 3 Basic principle of -drive

Figure 4 Image of the robot

ANALYSIS OF THE DRIVING FORCE 

The driving force at the buckling point is derived as 
follows. Let us assume that the flow rate with the 
pressure p flows into the tube, while the displacement 

with the force is produced at the buckling point 
as the output. Assuming a perfect state with no energy 
loss from input to output, the following equation holds 
from the conservation law of energy.

         (1)

At the same time, the next equation can also be obtained, 
assuming that the most expanded part in the tube, whose 
cross sectional area is expressed as A, becomes long for 

with the buckling shape kept constant, shown in 
Figure 5.

                                (2)

Considering the above two equations, the following 
relationship can be derived.

            (3)

Cover

Camera

Stopper

Rollers

Flat tube

p
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h

2b

a

While the buckling point moves a distance , the 
downstream tube is pulled by . Therefore, Eq. (4) 
holds, where is the traction. As a result, the 
relationship in Eq. (5) can be deduced. 

(a) Model of the flat tube (b) Model using a pulley
and a wire

Figure 5 Model of the flat tube and its equivalent model

(4)

(5)

This equation shows the pulling force is not affected 
by the angle between the upstream tube and the 
downstream tube.  
To be exact, the energy is consumed to deform the 
cross-section of the tube, and therefore may be smaller 
than the values in Eq. (3) and (5). However, in this work
we use Eq. (3) and (5) as approximations valid when 
flat tubes that are soft enough are used. 
The driving force of the robot is smaller than the force 
at the buckling point because the contact area between 
the flat tube and the stopper is smaller than the cross 
sectional area of the most expanded part in the tube. The 
contact area can be approximated by the part of the 
ellipse shown in Figure 6. As shown in it, the distance
of its major axis a, minor axis b and the height of the 
contact area h can be obtained from the flat tube and the 
stopper which are used in the robot. It is made from a 
round tube whose outer diameter is 12mm and inner 
diameter is 10mm. Therefore, the contact area is 
less than 59% of the area A which is shown in Figure 5.

Figure 6 The contact area between the tube and stopper

CLASSIFICATION OF THE DRIVING MODE

The motion of the robot depends on which side of the 
tube is fixed and which side of the tube is pressurized.
As shown in Figure 7-(a), when one side of the tube is 
fixed on the ground and pressurized, the head unit 
advances. In this case, two modes are possible. When 
the downstream tube is tensioned, the head unit 
advances with its stopper pushed by the tube. This is 
called stopper mode. The other is called cover mode, 
and the downstream is not tensioned (Figure 7-(b)).
Usually, the robot advances in stopper mode because of 
the weight of the tube and the friction between the tube 
and the other place. When the one side of the tube is 
pressurized and the other side is fixed, the robot goes 
backwards as shown in Figure 7-(c). It is called back 
mode. When the both sides of the tube are pressurized, 
the robot stays still (Figure 7-(d)). It is called stop mode. 
Surely, to quit pressurizing, the robot stops advancing, 
but stop mode can break quicker.

   (a) stopper mode (b) cover mode

     (c) back mode (d) stop mode

Figure 7 Driving mode of the robot

EXPERIMENTS ON DRIVING FORCE AND 

FRICTION

As shown in Figure 6, the bigger the stopper roller is, 
the larger the contact area is. However, if the stopper 
roller is too big, a leakage flow rate occurs at the 
buckling point. The leakage flow rate causes the 
reduction of the pressure applied to the buckling point.
The relation between the diameter of the stopper roller
and the leakage flow rate is shown in table 1.
Accordingly, 6mm is the best in this case because it is 
the largest diameter without the leakage flow rate. So
the driving force is produced as shown in Figure 8. It is 
less than 57% of the ideal value which is shown in Eq.
(5).

p p

p p
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Table 1 Leakage flow rate at the buckling point

Diameter of the stopper roller [mm]

Leakage flow rate does not occur
Leakage flow rate occurs

Figure 8 Result of the experiment of the driving force

When the robot advances through inside the pipes called
duct hose, whose inner diameter is 50mm as shown in 
Figure 9, three kinds of frictions act on the robot against 
the driving force which can be produced from the flat 
tube. The frictions are as follows, 
(a) friction between non-pressurized side of the flat 

tube and inner wall of the duct hose
(b) friction between the head unit and inner wall of the 

duct hose
(c) friction between pressurized side of the flat tube 

and non- pressurized side of the tube (Figure 10)
So we conducted the experiments to measure the 
frictions and summed them. The experimental results 
are shown in Figure 11.
Accordingly, the robot with a pneumatic pressure of 
0.4MPa can advance 11m inside the straight duct hose. 

Figure 9 Image of the duct hose

Figure 10 Three kinds of frictions

Figure 11 Result of the experiment of friction

Figure 12 Image of the robot with a belt

However, in the curve section, the friction (a) and (b) 
especially increase. Therefore, the head unit is equipped 
with the outer roller and the belt against the 
non-pressurized side of the flat tube (Figure 12).

OVERVIEW OF THE PROTOTYPE

The prototype robot is shown in Figure 13, and the 
specification is shown in table 2. The air can be 
supplied to the both sides of the flat tube. However, 
when the robot advances, the air is supplied to only one 
side of the tube. The head unit is equipped with a
camera which is used to see inside of the duct hose. The 
images taken from the camera can be seen by using a 
monitor as shown in Figure 15.
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Figure 13 Image of the prototype robot

Table 2 Specification of the prototype

Figure 14 Prototype robot in the duct hose

EXPERIMENTS OF THE PROTOTYPE

We conducted the following experiments to find out the 
ability of the prototype to go through inside pipes. 
Inside straight pipes, the prototype whose tube is then 
internally pressurized with a pneumatic pressure of 
0.3MPa is able to advance at the velocity of about 
1.5m/s and the velocity can be reduced by using a 
throttle valve. Next, inside the curving pipes whose 
curvature radius is 70mm, shown in Figure 15-(a), the 
prototype can advance without belt. However, the 
velocity with belt is more efficient than the velocity 
without belt. In the S-shaped pipes, shown in Figure 
15-(b), it is difficult for the prototype to advance by 
only one side of the tube pressurized since it is not 

symmetric as shown in Figure 16. The right side of the 
tube is pressurized (Figure 16-b), and therefore the 
prototype tends to go to the left side. The same occurs 
with the left side (Figure 16-c).  By using this 
characteristic, when we want the prototype to go to the 
right side, the opposite side of the tube is pressurized. 
Then, the prototype can go through the S-shaped 
curving pipe. The prototype is able to advance into 
vertical direction. In this case, the above characteristic
also acts. The prototype is rolled as shown in Figure 17,
and then it can go through in the pipes (Figure 15-(c)).
The robot also can go backwards as shown in Figure 
15-(d). Furthermore, it can advance not only inside the 
pipes, but also on the ground with some obstacles as 
shown in Figure 18.

(a) Curvature radius 70mm  (b) S-shaped curving pipe

(c) Vertical direction         (d) Back mode

Figure 15 Propulsion experiment in the duct hose

Figure 16 Image of the direction of the tube

Length:43mm

Robot size Width:26mm

Height:29mm

Mass 34.0g

Camera

Flat tube

(b) (c)(a)
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Figure 17 Image of the passive torsion of the tube

Figure 18 Propulsion experiment on the ground with 
some obstacles

CONCLUSION

In this paper, we show the prototype which is composed 
of a flat tube and -drive, which can go through some 
narrow and curving pipes. Furthermore, it can advance
on the ground with some obstacles. However, at more 
complex area or inside collapsed houses, it needs to 
steer actively and reduce the friction. The robot which is 
composed of a lot of tubes with downstream on the 
inside of the robot is one answer to solve these 
problems. It can reduce the friction between the robot 
and outer walls. As future work, we will try steering the 
robot by using difference of the length of each of the 
drawn out tubes.
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ABSTRACT

In this paper, we develop a jump assist system that can generate instantaneous force using pneumatic artificial rubber 
muscles (PARMs) since such quick motion is required in the rescue activities. The device extends the knee joint using 
PARMs. Moreover, bi-articular mechanism between the knee and ankle joint is realized using PARMs. Assist timing 
with the device is detected with an acceleration meter installed in the device. The timing is investigated both 
theoretically and experimentally. The experiments are performed with three subjects to demonstrate the effectiveness of 
the device.

KEY WORDS

Key words, Pneumatic artificial rubber muscle, Power assist system, Bi-articular muscle, Instantaneous force

INTRODUCTION

A number of power-assist robots have been developed 
for amplify human muscle strength. These robots are 
widely expected to apply for various fields such as
medical welfare, rescue, agriculture, physical labor in the
factory and so on. Most of conventional wearable 
power-assist systems propose a method based on the 
biological signals such as EMG signals or hardness of 
skin surface [1][2]. However, the noises included in these 
biological signals make it difficult to identify the 
motions of the user accurately. Moreover, in the case of 
using electric motor at each joint, joint parts become
heavy and bulky, and need to prepare an electric circuit.

Pneumatic actuators have advantages such as high
weight-power ratio, compressibility, low heat generation 

and clean energy. Therefore, the actuators have applied 
to drive power assist robots. Yamamoto et al. developed 
a power assist suit for nurse caring with pneumatic 
actuator utilizing pressure cuffs [3]. Load cells are used 
to detect the muscles to realized harmonic motion of the 
robot to the wearer.

Pneumatic artificial rubber muscles are often used in 
the power assist robot since the characteristics of the 
muscles are well studied [4-7]. In order to support 
activity of daily living of aged or disable person safety 
and easily, a wearable power assist device for hand
grasping have been developed [8]. By using the rubber 
muscles, the glove can assist various daily finger tasks 
owing to its flexibility and light weight [9]. In order to
provide muscular support for the manual worker, a 

The muscle suit 
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consists of a mechanical armor-type frame and 
McKibben artificial muscle. Using a new link 
mechanism for the shoulder joint which consists of two 
half-circle links with for universal joints, all motion for 
upper limb has been realized [10].

Most of the power assist systems are focused on 
relatively slow motion such as walking or lift up motion. 
However, the systems are expected to use in various 
situations such as rescue activities. In the activities,
quick motion is sometimes required. Therefore, we have 
intended to assist jumping with a power assist device 
which is one of quick motion. In this paper, we develop a
jumping assist system that can generate the instantaneous 
force using pneumatic artificial rubber muscle (PARM).
A servo control is applied to the system. The effective 
start timing of the assist detected by an acceleration 
sensor is investigated experimentally.

JUMP ASSIST SYSTEM

Design

The developed jump assist system composed of an ankle 
and knee joint. Especially, we focused on the extension 
of the knee joint since the joint contribute highly for
jumping.

Figure 1 shows the designed jump assist device. A user
wears the device on his/her lower legs. The device 
mainly consists of three parts, thigh, shin and foot frames
as shown in Figure1. Both the user and arm unit are 
fastened with hook-and-loop at three points, thigh, 
second thigh and ankle.

Pneumatic artificial rubber muscle (PARM) is known as 
an effective actuator for assist devices since it has 
flexibility and a high mass-power rate. Therefore, PARM
is selected as actuators for the jump assist system. It is 
known from our previous research [11] that the generated 
force F by the PARM can be given as

(1)

here, P indicates the inner pressure, is the contraction 
ration and f is the friction force of PARM. a, b, c and d
are the constant parameters obtained from experiments.

Joint mechanism

Figure 2 shows a side view of the extension mechanism 
for the knee joint. The joint extend with the contraction 
of PARM. The extend torque with the device at the 
knee joint can be given as

(2)

here F is the generated force by the PARM and r is the 
radius of the pulley at the knee joint. The PARM is 
installed at the both side which suggest the knee joint is 
pulled with two PARMs. The PARM is actively 

controlled by pneumatic servo valves.
In human, bi-articular muscles exist and act on the both 
end joints simultaneously in addition to the 
mono-articular muscles. The antagonistic pairs of 
bi-articular muscles could positively contribute to the 
compliant properties of the multi-articular extremity, 
leading to smooth, fine and precise movements [12].
Therefore, in the developed device, bi-articular
mechanism is realized as shown in Figure3. The PARM
for bi-articular mechanism (shown as bi-articular 
muscles in Figure 3) is passively controlled at a certain 
pressure to generate constant pulling force. As the 
mechanism is so called parallel mechanism, the torque at 
the knee and ankle joint and have the following
relation with the length of the links.

(3)

here, and are the length defined in Figure 3.

Figure 1 Design of Jump assist device

Figure 2 Knee extension Figure 3 Bi-articular 
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The following equation is obtained from the balance of 
torques.

(4)

The force to the ground generated by the device can 
be written as

(5)

The photograph of the developed jump assist device is 
shown in Figure 4. The left photograph shows when a 
user mounted the device. As can be seen in the figure, 
the ankle and knee joint is assisted with four PARMs
with the diameter of 20 mm. The weight of the device is
7.28 kg with both legs including the actuators. The size 
and specification of the device is summarized in Table 1. 
The device is designed to generate maximum torque of 
90 Nm at the knee joint.

Figure 4 Jump assist device

Table 1 Specification of jump assist suit

Length [mm]

Thigh-frame 200

Shin-frame 350

Foot-frame 170

Available angle [deg]
Knee joint 117

Ankle joint 125

Maximum torque [Nm] Knee joint 90

Weight [kg] Both legs 7.28

SIMULATION 

The timing to start assist for jumping is an important 
issue with the developed device. Therefore, we 
developed a simulation model and investigated the 
timing.

Generated force by the subject for jumping

The kinematic equation when a subject wearing the assist 
device but with no assist can be written as

(6)

here, and are the weight of the subject and the 
assist device, respectively. is the acceleration and 
denotes the generated force of the subject.
Using the developed device as shown in Figure4, the 
experiments of jump with no assist were executed for 
two subjects to measure the generated force of the 
subjects . A rotary encoder is installed at the knee 
joint. The acceleration a was calculated by differentiating 
the position data obtained by the encoder.

An example of experimental results is shown in Figure 
5. The upper figure shows the calculated acceleration and 
the movement of the knee joint. The lower figure shows 
the calculated force from Eq.(6) using the 
acceleration data. The upward direction is defined as 
positive value for acceleration. The lateral axis shows the 
time. We selected the initial time 0s when the 
acceleration becomes 9.81m/s2 (1G). It is clear from the 
upper figure that the subject bends the knee joint to 
generate the upward acceleration for jump.

Figure 5 Experimental results of measurement of 
generated force of the subject for jump
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Simulation model

The kinematic equation with the assist device can be 
given as

(7)

here is the generated force by the assist device. 
The relation between the contraction ratio of the PARM

and the joint angle can be given in the following 
equation.

(8)

Here, is the initial length of the PARM and r is the 
radius of the knee joint.
The height from the ground to the center of gravity h as 
shown in Figure 3 has the following relationship with the 
knee joint angle.

(9)

and are defined as shown in Figure 3.
The following equation can be derived by substituting

Eq.(4) and (5) to Eq.(3).

(10)

The following conditions are assumed for the simulation.
1. The state change of air in the PARM is assumed to 

be adiabatic condition. 
2. The static characteristics of the servo valve used in 

the experiment are measured in advance. The 
dynamics of the valve is fast enough compare with 
that of the PARM, only the statics of the valve is 
considered. 

3. is assumed to keep the same value as that of no 
assist even the assist device generated force. 

Then, the assist force is calculated from Eq.(1) to (5) 
and (10). The assisted energy E can be given by 
integrated the assisted force until the knee joint 
extended.

(7)

The simulations were performed by changing the assist 
start timing.

Figure 6 shows the simulation results. The lateral axis 
shows the start timing. Initial time was as same as Figure 
5. The longitudinal axis shows the energies calculated by 
Eq.(7). The simulations were executed with two subjects 
those weights were 55kg and 80kg.
It is clear from Figure 6 that the most effective assist 
timing is around 80ms to 125ms after the acceleration 
becomes 1G.

Figure 6 Simulation results (Energy)

Table 2 Weight and height of jump

Subject A B
Wight[kg] 80 55

Height of jump
without assist[mm] 359 390

Calculated height of jump
with assist[mm] 421 484

The calculated jumping height is shown in Table 2 when 
the energy is totally used for jumping. The results 
suggest that theoretically the jump height can be 
increased more than 20% with the developed jump assist 
device.

JUMP ASSIST EXPERIMENTS

System configuration

The system setup of the assist device is shown in Figure
7. An acceleration sensor installed at the waist of the 
subject is used for the trigger to start assist. The PARMs
for the bi-articular mechanism are controlled at a 
constant pulling force by the servo valves. 

Figure 7 Configuration of the jump assist system
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The PARMs to extend the knee joints are controlled 
with servo valves. The valves were full opened depended 
on the timing. The supply pressure was set at 600kPa abs.
The knee angle is measured with a rotary encoder 
attached on the joint. The measured data were taken into 
personal computer through a counter. The height of jump 
was measured using a 3D position measurement system 
(POLARIS). Therefore, a passive marker was putted on 
the wrist of the subjects.

Experimental results

Three subjects were participated in the experiment.
Subject A and B are the same as shown in Table 2. The 
height and weight of subject C is 158cm, 50kg.

At first, the relation between the assist timing and the 
jump height was investigated. The subjects cross their 
arms in front of the chest and start jump motion from the 
standing posture. Therefore, arm motion has no effect for 
jump.

Figure 8 shows the results with subject A. The lateral 
axis shows the assist start timing and the longitudinal
axis shows the maximum jump height. It is clear from 
the experimental results that the maximum height can be 
achieved with the start timing of 75ms to 125ms. The 
tendency is almost the same as the simulation results 
shown in Figure 6. Same tendency can be observed with 
other subjects as well. Therefore, in the following 
experiments, we selected the timing to start assist as 
100ms after the acceleration becomes 1G. The valves are 
full opened at the time.

Figure 9 shows the photograph during the experiments.
The left figure shows when the subject jumped using the 
assist device. The right figure shows the jumping 
mounted the device on the legs but without assist. Both 
figures show when the subject reached at the maximum 
height. The effectiveness of the jump assist system is 
clear from Figure 9. The assist system synchronizes well 
with the subject motion and felt no interference with the 
device.

Figure 8 Experimental results of jump assist
(Results of changing the timing to start)

Figure 9 Experimental scenery during jumping

Figure 10 Experimental results of jumping height

Figure 10 shows the experimental results with the 
subjects. Each subject executed the experiments under 
three conditions: equipped the assist device but without
assist, not equipped the device (free jump), and equipped 
the device with assist. The subjects jumped five times 
with the same condition those were shown in the error 
bars in the figure.

The effectiveness of the device is demonstrated from 
the experiments. Especially, the difference between with 
and without using the device can be clearly observed. 
However, the height slightly increased compared with 
the condition without mounted the device. 

The generated energy from the PARM was calculated 
using Eq.(1) and the experimental results. The energy is 
compared with difference energy between with and 
without assist. 
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Figure 11 Effective energy used for jump

The results are shown in Figure 11. The left side shows 
the generated energy with the PARM and the right figure 
shows the difference between with and without assist. 
This figure suggests that about 85% of the energy 
generated by the PARMs was used for jump. The amount
is about 85J. The potential energy for example with 
subject A with 500mm is 392J. Therefore, the generated 
energy with the device is insufficient. However, the 
timing of assist became clear with the developed system. 
The generated energy can be increased by using PARMs
with larger diameters which will be our future work.

CONCLUSIONS

In this paper, we developed a jump assist system that can 
generate instantaneous force using pneumatic artificial 
rubber muscles (PARMs) since such quick motion is 
required in the rescue activities.

The device extends the knee joint using PARMs with 
the diameter of 20mm. Moreover, bi-articular mechanism 
between the knee and ankle joint is realized using 
PARMs. Assist timing with the device was detected with 
an acceleration meter installed in the device. The timing 
was investigated both theoretically and experimentally. 

It became clear that the most effective assist timing 
with the device is around 80ms to 125ms after the 
acceleration of the subject becomes 1G. The experiments 
were performed with three subjects to demonstrate the 
effectiveness of the device. 
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ABSTRACT

The serial mechanism is driven by pneumatic muscle actuators (PMA) and used the tendon transmission structure. Between the 
various joints, the torque coupling and the location coupling seriously affect the control performance. By analyzing the location 
equation of tendons, a matrix which can describe the coupling is obtained. Combined with the model of PMA, the dynamic equation
of the coupled system is derived. For features of the tendon drive coupling and PMA, the computed torque algorithm is improved. In
order to overcome the hysteresis of PMA, the control signal is compensated ahead. Finally the decoupling control algorithm which 
adapted to the PMA drive and the tendon drive is proposed. Experiment proved that, compared to the PID control, improved 
computed-torque control can decreases the coupling, accelerates the response speed and decreases the steady-state error.

KEY WORDS

Pneumatic muscle actuator; Tendon drive; Coupling; Computed-torque control

INTRODUCTION

The load capacity of a robot end-effector is closely 
related with its own inertia and the drive output power. In 
robot design, due to the restriction of dexterity and other 
factors, the size of the end-effector is usually not very 
large. Therefore it is difficult to integrate high-power drive 
installed in the joints to control joint movement directly.

The usual solution is that to install the actuators in the 
relative open space, and make use of tendon transmission 
to drive power to the appropriate joints. This design 
provides a powerful drive and effectively reduces the 
inertia of the end-effector. In order to be obtained greater 
output power of the end of finger, tendons are used as
transmission mode, such as, Utah/MIT hand[1], DIST 
hand[2] and UB hand[3]. Tendon transmission is usually 
composed of tendons and pulleys. Since tendons can only 
output stretching force, a rotary joint at least need two 

symmetric tendon pulled to form a rotary structure. Tendon 
has many advantages, such as light weight, good flexibility.
But tendons braced by joints will have torque effects on 
these joints. Therefore, a control torque of a joint in the 
system will become a disturbance torque on another joint.
In trajectory control, this coupling phenomenon is difficult 
to be eliminated by a simple feedback control method.

In this paper, the end-effector of a kind of 2R series 
rod driven by pneumatic muscle (shown as Figure 1) is 
studied as the object. Theory of the coupled tendon drive 
system is analyzed, and a decoupling control for the 
tendon coupling system is proposed.
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Figure 1 PMA-driven serial mechanism

COUPLING MATRIX OF TENDON DRIVE

A series rod structure is composed of a group parallel
revolute joints and connecting rods, shown in Figure 2. 
Those n+1 rods (0 is the base) form n rotational joints, 
which are driven by tendons. Although each tendon is
connected with only one bar, on the tendon transmission 
path, joints which provide tendons bracing will be bear a
corresponding torque.If there is not suitable tendon 
transmission path, the coupling is difficult to be eliminated.
In the structure of tendon transmission series rods, the 
relationship between tendon displacements and joint 
angles and the relationship between tendon tensions and 
joint torques can be expressed by a coupling matrix[4].
To facilitate the discussion, some assumptions are given as
follows: (a) Tendons are lightweight, not elastic and not 
stretch; (b) The contact with tendon and joint is tangent; (c) 
There is only one rotation radius on each joint; (d) No
friction.

f2n-3

f2n

f2n-1

f2n-2

n-1
n

rnrn-1
s2n-3

s2n

s2n-1

s2n-2

n-1 n

Figure 2 Schematic diagram of planar tendon drive

The working status of each tendon is represented by the 
displacement variable si,

0 1 1i i j j m ms s r r r ,          (1)
where, j, rj is respectively for the joint angle and the 
pulley radius of the j joint; s0i is the initial displacement of 
tendons when the joint angle vector is zero; the plus or 
minus sign in Eq. (1) depends on the displacement of 
tendon.
Based on the principle of conservation of energy, the 
tendon transmission coupling matrix can be derived,

T Tf s .                             (2)
About time t, we differentiates both sides of the Eq. (2),

T T sf .                         (3)

Definition of the matrix P, so,

T sP .                          (4)

Taking above equations, it is easy to find the description of 
the dynamic torque coupling and the static position 
coupling between each joint, as shown in Eq. (5),

T

Pf
s P

                     (5)

where, is the torque vector of joints; is the angle vector 
of joints; s is displacement vector of tendons; f is tension 
vector of tendons.
In the tendon transmission coupling matrix Pn × m, n is the 
joint label, m is the tendon label, the sign indicates the
positive or negative sign of torque on the i joint
implemented by the j tendon, and P is expressed as 
specific,

1 1

0
P

n

r r

r .

SYSTEM MODEL

1. Control System
Figure 1 shows the object is driven by the 4 PMAs,
transmitted by tendons. PMAs are control by the SMC 
ITV0050 proportional pressure valve. Hall sensors from 
SENTRON company are used for the measurement of joint 
angles. The structure of the control system diagram is 
shown in Figure 3.

p1

p2

l2

l1

fm2

fm1

ITV0050Supply

Angle sensors

Muscle1

Muscle2

l3

l4Muscle4

Muscle3
fm3

p4

p3

fm4

r2

r1
a1

a2
1

- 2

1

2

Figure 3 Structure of the control system

2. Model of Pneumatic Muscle

Because of the bound role of the outer braid, the Mckibben 
PMA transforms the radial expansion force of compressed 
air into the axial contraction force and outputs the 
displacement. Based on the energy conservation law and 
the virtual work principle of the pneumatic muscle,
Ching-Ping Chou and Black Hannaford derives the static 
model of pneumatic muscle[5]. On this basis, considering 
the uncertainties in the structural parameters of pneumatic 
muscles[6], the static model is gained the correction and
compensation.
In summary, ignoring the elastic and internal friction of 
rubber tube, the interaction relationships among the output 
force fm, pressure p, the length l of pneumatic muscle is 
described by Eq. (6).
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mi i if k p                                     (6)
where, the equivalent cross-sectional area coefficient is 
defined as ki,

2 2

2

3
4

i
i

l b
k

N
.

In addition, the serial number of pneumatic muscle is i ;
the length of braid fiber is b; the number of 
filament-wound ring is N; the compensation factor of the 
structural parameters is .
For the inelastic tendon, the tendon displacement is equal 
to the amount of the muscle s contraction. Therefore, while 
the initial length vector l0 is known, the length of 
pneumatic muscle can be described by Eq. (7).

T
0l l P                          (7)

3. System Dynamics Model
Considering the actual object (shown in Figure 3) is the 
structure of 2R series bars in the gravity plane. In the case 
of ignoring friction, the open-chain robot Lagrangian 
dynamic equation[7] is established, as shown in Eq. (8).

,H C G            (8)
where, the inertia matrix is H( ); the Coriolis force and 
centrifugal force matrix is C( , ); the gravitational torque
is expressed by G( ); all elements of these coefficient 
matrixes are as follows:

2 2 2
11 1 2 1 C1 2 1 c2 2 1 2 2

2
12 2 2 c2 2 1 2 2

2
21 2 2 c2 2 1 2 2

2
22 2 2 c2

11 2 1 2 2 2

12 2 1 2 1 2 2

21 2 1 2 1 2

22

1 c2

cos

0.5 cos

0.5 cos

0.5 sin

0.5 sin

0.5 sin
0

zz zz

zz

zz

zz

h I I m r m a r m a a

h I m r m a a
h I m r m a a
h I m r

c m a a

c m a a

c m a a
c
g r a2 2 1 2 1 2 1

c1 1 1 1

2 c2 2 2 1 2

cos cos

cos

cos

m g a m g

r a m g

g r a m g

where, the spindle rotational inertia of the rod 1 and the 
rod 2 are respectively Izz1 and Izz2; the centroid vector of 
the rod 1 and the rod 2 are respectively rc1=-0.5a1 and  
rc2=0.5a2.
Integrating Eq. (5) to Eq. (8), a second order differential 
vector equation can be obtained which describes the 2R 
series rod transmitted by tendons and driven by pneumatic 
muscles, as the Eq. (9) below.

,H C G PK p           (9)
where, the coupling matrix P represented tendon winding 
mode and the equivalent cross-sectional area coefficient
matrix K of pneumatic muscle respectively are:

1
1 1 1 1

2 2
4

0
,

0 0
0

P K
k

r r r r
r r

k

DECOUPLING CONTROL

1. Coupling on joints
To show the effect of the coupling on system, a set of 
experiments is observed: Control the joints 1, but the joint 
2 does not (shown in Figure 4a); Control the joint 2, but 
the joint 1 does not (shown in Figure 4b). According to Eq.
(5), by analyzing the coupling matrix P of the actual
controlled object shown in Figure 3, it is not difficult to 
find out : Supposing the length of muscle 3 and 4 are 
unchanged and muscle 1 and 2 are under control, if the 
joint 1 rotates degree, then the joint 2 will be coupling to 
(r1/r2) degree; Supposing muscle 3 and 4 are under 
control, if the joint 2 is exerted torque 2, then the joint 1 
will be exerted coupled torque - 2. Results show that the 
coupling of the PMA-driven and tendon-transmitted series 
rods structure contains three parts, which are the position
coupling, the torque coupling and dynamic coupling.
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Joint 1 
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a. Position coupling for 
joint 1 to joint 2
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Joint 1 
Joint 2 
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b. Torque coupling for joint 
2 to joint 1

Figure 4 Coupling of joints

2. The improved computed torque method based on the 
PMA drive and tendon transmission
The computed torque control is a typical control scheme 
considered the robot dynamics model. It is a "feed-forward 
+ feedback" control method, using the robot dynamic 
equation to achieve the nonlinear compensation and the 
dynamic decoupling [8]. The coupled relation between the 
tendon transmission is integrated into the CTC algorithm, 
the control pressure of PMAs is solved and a dynamic 
decoupling algorithm is proposed, which is appropriate for
the PMA-driven and tendon-transmitted series rods.
Because of the interactions of torque between joints,
according to Eq. (9), the coupling of joint torque is
compensated. "p-fm" feature of PMA is closely related to 
its length l. According to the expected angle d of joint and 
making use of Eq. (7), the objective length of PMAs is 
calculated in advance. That is, K( d) as a coefficient matrix 
of the equivalent cross-sectional area of PMA, is used for 
the compensation of the position coupling.
The torque control is introduced:

d ,PK p H u C G     (10)
By adopting simultaneous Eq. (8) and Eq. (10), the 
nonlinear term of the controlled object can be eliminated.
The equation of the object is changed into,

H H u                          (11)
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The PD control with a bias is introduced,
1

d d p du H PK Q K e K e       (12)

where, Kp and Kd are as diagonal matrix; Q is the 
control pressure distribution matrix introduced to reduce 
the amount of the dimension.

1 0
1 0

0 1
0 1

Q

Therefore, the equation of the closed-loop system is as 
follow:

1
d p d 0e H PK Q K e K e         (13)

It is not difficult to prove that H-1( )PK( d)Q is positive 
definite. As long as Kp and Kd select appropriate, this 
algorithm can achieve global stability of the trajectory 
tracking.
Eq (12) substituted into (10), the control law expression 
will be get, as shown in Eq. pi is the pressure 
increment signal.

0 1 2( )p p Q p p                      (14)

where p2 is the feed-forward component, which is the 
control pressure needed by the system movement along 
the expected trajectory; p1 is the feed-back 
component ,which is the compensation pressure for 
eliminating trajectory error. Their specific expressions
are as follow:

1 d 2 1

1 p 1 d 2

2 d d

,

,

e e e
p K e K e

p Q K P H C G

where, P+=PT(PPT)-1 is the pseudo-inverse of the 
coupling matrix P.
Based on Eq. (14), with the integration introduced into 
the algorithm, the improved computed torque control 
algorithm based on PMA-driven and tendon 
-transmitted (MCTC) is obtained, which the block 
diagram shown in Figure 5.
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+
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-
+
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p2

+

d

d"

dt

dt

TD

p3e0

Figure 5 Control algorithm block diagram

TEST RESULTS AND ANALYSIS

In the actual control, it always has the torque coupling and 
the position coupling between the two joints of controlled 
object in any time. Moreover, the two coupling factors 
influence each other, as shown in Figure 3. To verify the 
validity of the MCTC algorithm, the two groups of 
contrast test reference to Figure 4 are given: The joint 1 is 
needed to continuously complete three step responses in 
20º, 20º and -40º, simultaneously the joint 2 is expected in 
the 0º position, to test the torque decoupling capability; 
The joint 2 is needed to continuously complete three step 
responses in 20º, 20º and -40º, simultaneously the joint 1 is 
expected in the 0º position, to test the position decoupling 
capability. Various measured parameters of the system are
list in Table 1.

Table 1 Parameters of the system

parameters value parameters value
75% Izz1 9.866 kgmm2

N 2.7 Izz2 3.171 kgmm2

b 188 mm m1 0.01170 kg
l01,l02,l03,l04 160 mm m2 0.00433 kg

r1,r2 6 mm a1,a2 45 mm

The performance of PID control on the two joints is 
shown in Figure 6. The PID algorithm is a feedback 
control based on the error, which will do not work in 
advance before disturbance arrival.
Therefore, whether in the experiment of torque 
decoupling (Figure 6a) or the position decoupling 
(Figure 6b), when the expected rotational angle of a 
joint has a greater step, the other joint will be pulled to
leave the original equilibrium position. The coupling 
has been weakened, but still can not be ignored. It be 
seen that due to the coupling of system the 
self-regulation effect of PID algorithm declines, to the 
transition process extends and steady-state errors of the 
two joints are respectively 0.85º and 0.94º. Controller 
parameters are as follows:

p i d

60 0 1.5 0 10 0
, ,

0 50 0 0.5 0 5
K K K
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b. Step response of joint 2

Figure 6 PID control for the movement of a separate joint

Control results of MCTC on two joints are shown in 
Figure 7. Experiments of the torque decoupling and the 
position decoupling are respectively shown in Figure 7a
and Figure 7b. It is clear that the coupling on the system 
controlled by MCTC is less unconspicuous than it on the 
system controlled by PID. The system on controlled by 
MCTC significantly has faster response and steady-state 
errors of the two joints decrease to 0.78º and 0.63º
respectively. Their control incremental pressure curves are 
respectively shown in Figure 7c and Figure 7d. Parameters 
of PID are the same before.
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b. Step response of joint 2
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Figure 7MCTC control for the movement of a separate 
joint

CONCLUSION

The test shows that on the system of the PMA-driven and 
tendon-transmitted series rods, the coupling of joints is 
very serious in the control process. Only relying on a
common feedback control, a satisfactory result is hard to
obtain. The MCTC algorithm relying on the dynamic 
coupling model of the system, thereby a feed-forward 
compensation is made for the control variable, effectively 
weakening the coupling effect. However, the effect of 
MCTC algorithm relies on the accuracy of the system 
model. Due to the inaccurate measurement of the structural 
parameters or a larger friction, the model be not accurate, 
leading to the algorithm can not completely eliminate the 

coupling. In future work, a model disturbance observer is
considered for the feedback compensating to further 
improve the system robustness.
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ABSTRACT

Remote control is often considered as a means of utilization when operating hydraulic mobile machines in hazardous 
environments. However, in some cases remote control may also improve the general usability of the machine, which is 
a good reason for using remote control also in normal (safe) work tasks. In this paper, the effects of remote control on 
the usability of a hydraulic mobile machine with an excavation function are studied by means of three experiments 
relating to the working efficiency and working accuracy. In the experiments, independent subjects executed work tasks 
with different user interfaces. Next, the user interfaces are compared. Both objective and subjective indicators to 
measure the effects are used. The results are evaluated through use of statistical analysis. Finally, the significance and 
reliability of the results are discussed. The results show that short-range remote control may improve the usability of the 
hydraulic excavator significantly in some work tasks.

KEY WORDS

Remote control, Usability, Experiments

NOMENCLATURE

md : Median [cm], [s]
p : p-value [-]
Q1 : First quartile [cm], [s]
Q3 : Third quartile [cm], [s]

: Arithmetical mean [s], [-]
: Standard deviation [s], [-]

INTRODUCTION

The use of electrically actuated hydraulic components in 
mobile applications has been limited for a long period. 

Now, with developments in technology and changes in 
needs, an electrical interface in mobile machines is 
becoming more common. The change enables the 
implementation of intelligent operations in machines, 
but also the utilization of old inventions in new 
applications, remote control among others.
The implementation of remote control of the machine 
will be a relatively simple and cost-effective task when 
an electrical interface in the machine already exists. 
Thus, remote control can be utilized as an alternative 
user interface for the machine if it improves the 
usability in some work tasks, due to improved visibility 
for instance. Previously, remote control has been 
utilized mainly in special applications wherein there has 
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been a specific need for it, and in those cases remote 
control has been typically the only user interface for the 
machine or the actuator. Now, a compelling reason, 
such as a hazardous worksite, is not the only ground to 
utilize remote control anymore. 
If remote control can be implemented cost-effectively 
so that it is an additional way to control the machine and 
it offers benefits in certain cases, it will be an integrated 
part of mobile machines. Currently, short-range remote 
control is widely used in commercial solutions already.
However, only a few studies of the effects of remote 
control on the usability, working efficiency, or working 
accuracy have been carried out, for instance [1, 2]. In 
these studies the operating position has usually been 
fixed, that is, the operator cannot select the most 
suitable position, and so one of the biggest advantages
of remote control, a better view, may be lost. Most 
existing research, for example [3, 4, 5], is related to 
teleoperation, level of tele-presence especially. Also, 
studies on the effects of force feedback in remote 
control applications are nonexistent.
In this study, the effects of remote control on the 
usability of a hydraulic mobile machine with an 
excavation function are studied by means of three 
experiments relating to the working efficiency and 
working accuracy. In the experiments, independent 
subjects executed work tasks with different user 
interfaces. Both objective and subjective indicators to 
measure the effects are used. The results are evaluated 
through use of statistical analysis. Additionally, the 
significance and reliability of the results are discussed.

RESEARCH PLATFORM

Prototypes of a remotely controlled hydraulic mobile 
machine with an excavator attachment and a hand-held 
remote control are used as a test platform in this study
(see Figure 1). Both prototypes are developed at the 
Department of Intelligent Hydraulics and Automation 
(IHA) at Tampere University of Technology.

Figure 1 Mobile machine controlled remotely

Remotely Controlled Mobile Machine with 

Excavator Attachment

A prototype of a remotely controlled mobile machine 
with an excavator attachment is based on the 
commercial machine Avant 320+ manufactured by 
Avant Tecno Oy [6]. The frame of the machine is 
original, but the hydraulics, electronics, and control 
system were designed and built at IHA. The research 
platform, including hydraulics and control system 
modifications, is introduced in more details in [7].
Hand-held Remote Control

A hand-held remote control was designed and 
implemented to study the effects of remote control on 
the usability. A custom-made prototype was 
implemented since the existing commercial solutions do 
not enable the research of all issues that are considered 
in this study, e.g. the effects of force feedback. A casing 
of a game controller was exploited since the design 
process of mechanics was not relevant in this study. The 
electronics and software instead are totally re-designed. 
Also, the error detection and handling procedures of the 
wireless data transmission are custom-made. The 
wireless connection is implemented by means of 
commercial radio modems. The remote control is 
illustrated in Figure 2.

Figure 2 Hand-held remote control utilized in 
experiments

The remote control includes a vibro-tactile haptic 
feedback (VTHF) feature, which is a novel approach to 
provide cost-effectively an estimation of the load level 
of the machine for the operator. The system informs the 
operator when the load level of the machine increases
by vibrating the remote control. The measurement of the 
load level is based on the LS (Load-Sensing) pressure of 
the machine. The idea of the system is not to provide an 
accurate proportional feedback but to provide an 
additional feedback information in cases where the 
force feedback is really useful, that is, when the force 
capacity of the machine approaches the limit. The 
remote control and VTHF feature are introduced in 
more details in [8].
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EXPERIMENTS

Experimental Arrangements

The effects of remote control on the usability were 
studied by means of three experiments. The aim was to 
study if the usability of the machine can be improved by 
utilizing the remote control as a user interface. The most 
important factors related to the usability, that is, the 
working efficiency (the time taken on the task), working 
accuracy (steady-state error), and operators
(inquired by means of questionnaires), were considered.
In the experiments, a group of independent subjects 
carried out the same work task with different user 
interfaces. Then, the results were compared by means of 
a statistical analysis and the differences in the results 
caused by utilized user interfaces were considered. 
Statistical significances (p-values) are given for the 
results. The questionnaires of all experiments presented 
in this paper as well as op
individual statements are presented in [7].
The work tasks were chosen so that they correspond 
with real life applications that are typical for excavators 
as well as possible. All subjects were independent and 
non-professional. The experiments were carried out 
using non-professional operators only because the 
background of professionals (familiar with the 
traditional onboard user interface) would have 
decreased the objectivity of the comparison. With 
professional operators, a long introductory period would 
have been needed, and in this case it was not feasible.
Every subject executed the task with every user 
interface. The order of implementation was changed in 
order to compensate the effect of learning. The user 
interfaces and experimental arrangements are 
introduced in more details in [7, 9, 10].
Studied User Interfaces

In this paper, three different user interfaces were 
studied. The main concern was in the comparison 
between the cab (onboard) interface, which can be 
considered to be the traditional user interface for the 
kind of machines used in the experiments, and the 
remote control interface. Additionally, mechanical and 
robust hand levers of the control valve (called direct 
manual control) were used in the first experiment. In the
experiment concerning excavation with obstructed soil,
remote control with the vibro-tactile haptic feedback 
feature was also examined in addition to the cab 
interface and remote control without any force 
feedback. The aim was to study how lack of force 
feedback information affects the usability. Studied user 
interfaces are introduced in more details in [7].
Experiment 1: Excavation with Unobstructed Soil

The aim of the first experiment was to compare remote 
control to other user interfaces, the cab interface and 
direct manual control, in a conventional and simple 
work task [9]. Sakaida et al. interviewed a skilful 
excavator operator in [11]. According to the interview, 

the most frequent work executed with an excavator is 
digging work. In the first experiment the task was to dig 
a trench in a specific location, which is a very typical 
task. The soil to be operated on was homogenous, 
including no obstacles, and thus it was easy to be 
processed. The task was designed so that operators had 
to transfer the machine during the task.
Effects on the working efficiency were considered by 
measuring the time taken on the task. The execution 
time was divided in the excavation time and transfer 
time. The medians and quartiles of execution times are 
shown in Table 1.

Table 1 Elapsed times in Experiment 1

Measured variable Cab

Direct 

manual 

control

Remote 

control

Excavation 
time [s]
(p = 0.044)

Q3 454 437 364

Md 368 359 315

Q1 301 305 270

Transfer 
time [s]
(p < 0.001)

Q3 82 109 73

Md 62 89 51

Q1 55 71 45

Total 
time [s]
(p < 0.001)

Q3 533 526 429

Md 442 442 364

Q1 370 398 327

As can be seen in Table 1, utilization of the remote 
control decreased the time taken in the task and so 
improved the working efficiency compared to the cab 
interface. The improved working efficiency is due to the 
improved visibility of the work task, which can be seen 
in Table 2
shown. The differences between the cab interface and 
direct manual control were insignificant in this case.
The dispersion of the total execution times between 
different subjects while controlling the machine with the 
cab interface and the remote control is shown in Figure 
3. Each line in Figure 3 represents the performance of 
an individual subject with the cab interface and remote 
control; time elapsed on the y-axis and user interfaces 
on the x-axis. In Figure 3, cases in which the cab user 
interface was faster than the remote control are plotted 
with dashed lines, and cases where the remote control 
improved the working efficiency are plotted with solid 
lines. The lines show the trend of the change in working 
efficiency between the user interfaces; the majority of 
the lines are solid lines, that is, in most cases remote 
control improved the working efficiency.
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Figure 3 Dispersion of total execution times in 
Experiment 1

Experiences of use were obtained by means of the 
questionnaire. The questionnaire was divided into five 
subject matters, which were considered essential. Each 
subject matter included several statements. Finally, 
means were calculated. The scale is from one to five. 
The bigger the number is, the more positive the 
feedback was. Also standard deviations are shown in 
Table 2.

Table 2 Experiences of use in Experiment 1

Subject matter Cab

Direct 

manual 

control

Remote 

control

Visibility of 
work task 
(p < 0.001)

2.57 4.37 4.66

0.69 1.08 0.62

Controllability 
of excavator
(p = 0.845)

3.57 3.56 3.57

1.22 1.09 1.05

Transfer of 
machine
(p = 0.312)

3.99 3.58 4.04

1.20 1.10 1.23

Comfort of 
working
(p < 0.001)

4.04 3.04 4.33

1.26 0.92 0.82

Easiness of 
learning
(p = 0.895)

3.43 3.33 3.29

1.27 1.27 1.17

Total
(p = 0.011)

3.52 3.58 3.98

1.23 1.22 1.12

In Table 2, the most significant differences can be 
noticed in visibility of the work task (between the cab 
interface and remote control), otherwise the differences 
are relatively small. The results show that the 
controllability or comfort of working does not decrease 
while using the cost-effective remote control. Thus, the 
remote control is suited for controlling the mobile 
machine.
Experiment 2: Excavation with Obstructed Soil

In the second experiment the goal was to study the 
effects of force feedback [10]. The work task was to dig 
a trench in a specific location as in the first experiment, 
but in this case the soil to be processed included a 
hidden obstacle (stone). The obstacle was too big to be 
moved by the excavator. The task was to bypass the 
obstacle and continue digging (see Figure 4). The trench 
was shorter than in the first experiment and the initial 
position of the machine in the beginning of the task was 
chosen so that transfer of the machine was not required 
during the task.

Figure 4 Task in Experiment 2

The same task was repeated in three different ways: 
with the cab interface, remote control interface, and 
remote control interface with VTHF. The goal was to 
study how much the operator actually benefits from 
secondary feelings such as vibration, which has 
commonly been considered to be important when 
controlling the machine. In addition, the goal was to 
find out whether the VTHF feature helps the operator.
The working efficiency was evaluated by means of the 
time taken, as in the first experiment. Moreover, the 
quality of the work was estimated visually on a scale of 
one to five (1 denotes the lowest quality and 5 the 
highest quality). The highest quality means that the 
trench is straight and there is no significant variation in 
the depth or width of the trench. The results are shown 
in Table 3.
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Table 3 Total execution times and quality of work in 
Experiment 2

Measured variable Cab
Remote 

control

Remote 

control

with 

VTHF

Time [s]
(p = 0.155)

Q3 345 271 274

Md 313 221 250

Q1 238 178 213

Quality of 
work [1-5]
(p = 0.319)

2.80 2.93 3.13

0.86 0.70 0.52

Table 3 shows that utilization of the remote control also 
improved the working efficiency compared to the cab 
interface in this experiment, just as it did in the first 
experiment. The VTHF feature did not improve the 
working efficiency while using the remote control, in 
fact the time elapsed was increased a little. However, 
VTHF slightly improved quality of the work. The 
improved quality of the work probably caused the 
increase in execution time.
The dispersion of total execution times between 
individual subjects with all three user interfaces is 
illustrated in Figure 5. Cases where remote control 
(without VTHF) decreased the working efficiency are 
plotted with dashed lines in Figure 5 and cases in which 
remote control improved the working efficiency are 
plotted with solid lines.

Figure 5 Dispersion of total execution times in 
Experiment 2

inquired by means of a 
questionnaire. In the second experiment, the 
questionnaire included two subject matters.

feedback is shown in Table 4. As Table 4 shows, both 
perception and feeling of control were improved when 
using the remote control instead of the cab interface. In 
turn, the utilization of the VTHF feature improved both 
matters compared to remote control without VTHF. The 
results show that the force feedback information the 
operator receives while using the cab interface is not 
essential in applications of this kind. In fact, the subjects 
thought that improved visibility is more useful. 
However, since the obstacle was not visible in the 
beginning of the task, additional feedback information 
(VTHF feature) was regarded as useful even though it 
did not improve the working efficiency.

Table 4 Experiences of use in Experiment 1

Subject matter Cab
Remote 

control

Remote 

control

with 

VTHF

Perception
(p < 0.001)

3.15 3.61 4.41

0.75 0.65 0.53

Feeling of 
control
(p < 0.001)

2.76 3.49 3.93

0.91 0.65 0.42

Total
(p < 0.001)

3.00 3.57 4.23

0.74 0.58 0.44

Experiment 3: Control Accuracy

In addition to the working efficiency and comfort, the 
control accuracy is an important element of the 
usability. Improved visibility in the work task while 
utilizing the remote control as a user interface should 
facilitate accurate control. On the other hand, low-
quality control devices of the remote control utilized in 
this study should decrease the control accuracy. In the 
third experiment the effects of the above-mentioned 
factors on the control accuracy in tasks that demand 
high accuracy are studied [10].
A spike was attached to the bucket of the excavator (see 
Figure 6). The task was to move the spike from point A
to point B and then back to point A as accurately as 
possible. The swing movement was disabled in this 
experiment. Thus, the subjects controlled the excavator 
in a plane. The cycle was repeated five times. Errors in 
point B as well as in point A were measured. In 
addition, the time taken was considered. The means for 
both times and errors were calculated. The spike had to 
be upright when contacting a plate where the targets 
were marked. The machine remained stationary during 
the experiment.
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Figure 6 Setup in Experiment 3

While considering the errors, the mean of individual 
subject was calculated first. Then, the medians and 
upper and lower quartiles of the whole group, which are 
presented in Table 5, were found. In addition to errors, 
the means and standard deviations of the execution 
times are shown in Table 5.

Table 5 Errors and elapsed times in Experiment 3

Direction
Measured 

variable
Cab

Remote 

control

A B

Error [cm]
(p = 0.773)

Q3 1.45 0.45

Md -0.50 -0.05

Q1 -2.03 -0.70

Absolute 
error [cm]
(p < 0.001)

Q3 4.23 1.79

Md 3.05 1.30

Q1 2.03 0.78

Time [s]
(p = 0.173)

27 23

11 6

B A

Q3 -0.50 -0.40
Error [cm] 
(p = 0.096) Md -1.15 -0.65

Q1 -2.23 -0.80

Absolute 
error [cm] 
(p < 0.001)

Q3 2.83 1.35

Md 2.28 0.80

Q1 1.33 0.64

Time [s]
(p = 0.903)

26 27

9 9

In Table 5, errors are calculated using signed values of 
single samples to calculate the means of individual 
subjects. In this case, the medians show the systematic 
errors. Absolute errors are calculated using the absolute 
values of single samples to calculate the means of 
individual subjects. Absolute error better describes the 
magnitude of error if the direction of error is ignored. 
The results are specified according to the direction of 
movement.
As presented in Table 5, utilization of the remote 
control decreased the errors significantly, irrespective of 
the direction and regardless of whether the signed 
values or absolute values are considered. The 
improvement is due to better visibility. The operator 
was able to have a view from the side while using the 
remote control, where as only depth vision could be 
used while operating from the cab. The differences in 
time taken were insignificant in this experiment.
The dispersion of errors (calculated with signed values) 
with both user interfaces are presented in Figure 7. If 
the absolute value of error of a single subject is 
increased in Figure 7, the results are plotted with a 
dashed line. Otherwise, solid lines are used. The figure
shows that error increased in only a few cases while 
using the remote control instead of the cab interface.

Figure 7 Mean errors of each subject in both directions: 
Direction is from A to B in upper part of figure and 

from B to A in lower part of figure
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Experiences of use were also asked about in this 
experiment, as in the previous ones. Table 6 illustrates 
feedback from the subjects concerning the third 
experiment. The questionnaire included two subject 
matters. As can be seen in Table 6, the subjects felt that 
utilization of the remote control improved both 
perception and feeling of control significantly compared 
to the cab interface.

Table 6 Experiences of use in Experiment 3

Subject matter Cab Remote control

Perception 
(p < 0.001)

2.57 4.62

0.66 0.47

Feeling of 
control
(p = 0.039)

2.93 3.71

0.73 0.75

Total
(p < 0.001)

2.71 4.26

0.60 0.43

DISCUSSION

Experimental studies like this include several factors of 
uncertainty. The utilized test platform, work tasks, 

results. Additionally, the usability of user interfaces 
cannot be defined or measured unambiguously but the 
superiority depends on the application and personal 
opinion among others. Thus, the results presented offer 
merely a suggested approach.
In this study, the experimental arrangements were aimed 
to made as objective as possible but still so that the most 
important indicators can be measured. The order of 
implementation was changed and the group sizes were 
matched to minimize the effect of learning. The user 
interfaces utilized are not completely identical due to 
practical reasons. However, the effects caused by the 
differences can be considered to be rather insignificant 
in this case.
The results show that the utilization of the remote 
control improved both the working efficiency and 
working accuracy compared to the cab interface, which 
was the most important point of comparison. Also, the 

user interface was positive in every experiment. The 
utilization of the remote control decreased the execution 
time by 18 % (p < 0.001) compared to the cab interface 
while the homogenous soil was operated (while 
considering the medians). The improvement is 
considerable and the differences are also statistically 
significant (p < 0.05, which is generally the used limit 
value). ces in the first 

experiment are considered, it can be noticed that the 
visibility of the work task was improved significantly, 
as may have been expected, when using the remote 
control. The improvement was 81 % (p < 0.001) 
compared to the cab interface. Otherwise, the 
differences in the experiences between the cab interface 
and remote control interface were small. An interesting 
discovery is that the controllability of the excavator 
according the subjects was equal with both user 
interfaces.
When operating the soil with the obstacle, the 
corresponding improvement in the working efficiency 
was 29 % (p = 0.155), thus the lack of force feedback 
did not increase the execution time. However, in this 
case the difference was not statistically significant, 
probably partly due to the small number of subjects.  
The VTHF feature did not improve the working 
efficiency. However, the subjects felt that it improved 
the perception and feeling of control. The VTHF feature 
improved both the perception (22 %) and feeling of 
control (13 %) compared to the remote control interface 
without VTHF. Compared to the cab interface, the 
differences were even bigger (perception + 40 % and 
feeling of control + 42 %). Thus, it is worth exploiting. 
The biggest improvement while using the remote 
control was achieved in the experiment in which a high 
working accuracy was required. While considering the 
medians of the absolute errors (which describes the 
magnitude of the error if direction of the error is 
ignored), the improvement was 57 % (p < 0.001) to one 
direction and 65 % (p < 0.001) to another. The visibility 
of the task, which is improved when short-range remote 
control is utilized, seems to have the dominating role
while controlling the machine accurately. Improved 

are considered. According to the feedback, the 
perception of the task was improved by about 80 %
(p < 0.001).
Overall, the results presented are consistent and clearly 
show that the utilization of remote control may improve 
the working efficiency, working accuracy, and comfort, 
that is to say the usability of a machine, considerably in 
some cases. The improvements in the visibility of the 
work task seem to influence more than the impairments 
in other feedback information, such as in force 
feedback. However, the effects are certainly depending 
on the application and the worth of remote control has 
to be considered according to the requirements of the 
case in question, the work task having a dominating role 
in the decision-making process. Remote control is not 
the most convenient solution in every case. Thus, in 
order to maximize usability, remote control should be 
utilized as an alternative user interface for conventional 
onboard user interface, not as a substitute solution.
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CONCLUSIONS

The main research contributions of this paper can be 
concluded as follows:

The cost-effective hand-held remote control 
implemented is suited for controlling a mobile 
machine remotely. The low quality of the control 
devices does not significantly impair the 
controllability of the work movements of the 
machine.
The effects of remote control on the usability of 
an excavator were estimated in three experiments 
by comparing the results achieved with different 
user interfaces. Independent non-professional 
subjects were utilized. The test arrangements 
certainly influence the results. Nevertheless, the 
results can be considered as broadly suggestive.

visibility of the work task improved substantially 
when using the remote.

homogenous soil without obstacles, the working 
efficiency, estimated by means of the time taken, 
was improved considerably when using the 

concerning the remote control were also positive.
The improvement was comparable in the case 
where the soil to be processed included an 
obstacle. The vibro-tactile haptic feedback 
feature did not improve the working efficiency, 

improves the perception of the task and feeling 
of control, and so assists the operating.
Better visibility of the work task consequent 
upon the utilization of the remote control 
improves the working accuracy substantially. 
Thus, in tasks where high working accuracy is 
required, the remote control is an advisable 
solution.

For more precise statements concerning the usability of 
remote control with multi-purpose mobile machines 
more studies would be needed. Different work tasks 
with various machines should be experimented since 
they indubitably have an influence. For instance, the 
controllability of the power transmission by means of a 
remote control have not much been studied. Also, 

consideration in order to study the precise 
interdependencies between different variables.
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ABSTRACT 
 
Equipment qualification (EQ) is to qualify that the equipment is able to operate completely safety function in both 
normal and accident conditions of nuclear power plant. All the electric equipment should be qualified in compliance 
with procedure and method of IEEE standards before applying that in nuclear power plant. The standards are separately 
presented according to a kind of equipment and test items and not about detailed procedure and method. Ambiguous 
expressions about test contents may cause misunderstanding and confusing to make a suitable test system. An actuator 
to operate the power operated valve (POV) is one of the critical equipment for safety in nuclear power plant. The 
actuator of POV uses the various actuating power sources such as motor, air and electric power and all the POV is 
qualified in compliance with IEEE Std. 382. Test method, test equipment and especially acceptance criteria are different 
each other according to power source of the actuators. 
In this study, EQ test procedure, the lists and methods of operability test, normal and accident tests are thoroughly 
analyzed to perform EQ test of POV actuator in compliance with IEEE standards. 
 
 

KEY WORDS 
 

Actuator, Power operated valve, IEEE standard, Equipment Qualification, Nuclear power plant 
 
 
 

NOMENCLATURE 
 

R : Chemical reaction rate (#/s) 
A : Pre-exponential constant 
Ea : Activation energy (J) 
k : Boltzmann constant (J/K #) 
T : Reaction Temperature (K) 
 
Subscript 
0 : Normal condition 
1 : Accident condition 
 

INTRODUCTION 
 

It is required to verify that the safety functions of every 
piece of equipment used at nuclear power plants are 
successfully operating throughout their design lifecycle 
under the worst possible environmental conditions. This 
process of verification is called Equipment Qualification 
(EQ). The regulatory requirements for EQ have been 
corrected and supplemented based on 10 CFR 50 
Appendix A, "General Design Standards" as suggested 
by the Nuclear Regulatory Commission. Currently, the 
regulatory guides and the standards of the IEEE (Institute 
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of Electrical and Electronics Engineers) proposing the 
procedures and the methods of qualification stipulate the 
regulations for EQ. Thus, it is required to analyze and 
understand the legislations, guidelines, and standards for 
equipment for developing or performing qualification 
tests for the equipment at NPP (nuclear power plant). 
However, even the standards describing the requirements 
to the largest extent suggest general technical 
requirements such as qualification requirements or test 
items only, and they do not provide an in-depth 
description of testing equipment, testing methods, 
techniques, and allowable criteria. Therefore, it is 
essential that qualification institutes should develop 
technologies for EQ test and they should obtain 
experiences for qualification for performing actual EQ. 
POV is composed of actuator part and body part. 
Qualification subject in IEEE standard is an actuator of 
POV as electrical parts. Body part is qualified by other 
standard such as ASME. POV’s are classified into the air 
operated valve (AOV), the motor operated valve (MOV), 
and the solenoid operated valve (SOV). It is essential 
equipment for major system control in the common 
industries as well as in NPPs. It is critical to commit the 
best endeavors into development of POV for reliability 
of NPPs, and into the development of EQ technologies 
when considering the construction of new plants and 
demands for replacement of NPP. 
 Therefore, this thesis closely analyzes and identifies 
qualification standards and testing procedures for 
developing technologies for equipment qualification that 
is essential for the development and application of POV 
for NPPs, and it suggests an in-depth description of items, 
conditions, and allowable criteria for testing. 
 

ANALYSIS OF TEST STANDARDS FOR 
EQUIPMENT QUALIFICATION 

 
The CRF codes and the regulatory guides of the Nuclear 
Regulatory Commission, and the IEEE standards suggest 
a variety of legislations, guidelines, and provisions for 
equipment qualification testing of the SOV, and the 
summary of them is as shown in Table 1. The utmost 
super ordinate legal basis for equipment qualification is 
10 CFR 50.49, which describes the equipment 
qualification programs for electric equipments and 
instrumentations related to safety [1]. There are 
guidelines backing the contents of the legislation such as 
Reg. 1.73 and Reg. 1.1, and the IEEE standards provide 
an in-depth description of targets and test items for 
qualification. The IEEE Std 323, which suggests the 
items and requirements for equipment qualification for 
all the electric equipment of safety grades, is the utmost 
super ordinate standard among the IEEE standards. It 
describes the purpose, the target, the test plans, and the 
documentation method for equipment qualification [2]. 
The IEEE Std. 382 provides the most in-depth and clear 
description for the qualification of the power operated 

valves including the items, details, and procedures for 
the tests [3]. Therefore, the representative standards for 
the equipment qualification test of the POV are IEEE Std. 
323 and 382. 
The various test items in IEEE Std. 382 are stipulated in 
other IEEE standards. As shown in Table 2, the standards 
for the temperature test are stipulated in IEEE Std. 1, 101, 
775, 1205 and 1310. Those for the seismic qualification 
tests are in IEEE Std. 344; those for the voltage and the 
insulation tests are in IEEE Std. 4 and 43; and those for 
the accelerated thermal aging test are in IEEE Std. 1407. 
 
PROCEDURES AND METHOD FOR EQUIPMENT 

QUALIFICATION TESTS 
 

 The equipment qualification tests are classified into the 
function test, the common environment test, and the 
accident environment test. Most of the test items for the 
common environment test and the accident environment 
test are similar to each other dependent upon the 
equipment for qualification. However, the items for the 
function test are varying within different equipment. The 
function test is performed for deciding if the target 
equipment keeps its capabilities compliant with the 
allowable criteria during the qualification test. The 
function test is performed before and after each 
environment test, and is also done during the accelerated 
thermal aging test, the vibratory aging test, and the 

Codes and Standards Contents 
10CFR50.49 A legal basis of EQ 
REG. 1.73 Requirement of Valve EQ 

REG. 1.1 Requirement of Seismic 
Qualification 

IEEE Std. 323-2003 Mother Standard of EQ 
IEEE Std. 382-2006 EQ of POV actuator 

Standards Contents 
IEEE Std. 1 Temperature testing 

IEEE Std. 4 High-voltage testing 

IEEE Std. 43 Insulation resistance testing 

IEEE Std. 101 Thermal life test 
IEEE Std. 344 Seismic Qualification 
IEEE Std. 775 Multi-stress aging test 

IEEE Std. 1205 Thermal aging testing 

IEEE Std. 1310 Thermal cycle testing 

IEEE Std. 1407 Accelerated aging test 

Table 1 Main code and standards for EQ of POV 

Table 2 Sub-standards for EQ test of POV 
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accident environment test [3]. The common environment 
test is a test performed under the environmental 
conditions that are identical with those of the aging of 
the valves during the design lifecycle at the installation 
location of the equipment in the nuclear power plant for 
the purpose of verifying that the capabilities of the valve 
are kept intact within an aging environment that involves 
radiation, heat, pressure and vibration. The purpose of 
the accident environment test is to verify that the safety 
of the equipment is kept intact even upon an outbreak of 
accidents after the expiration of the design lifecycle. The 
probable accidents include the seismic basis event and 
the design basis event (DBE). The procedures for 
equipment qualification for the POV are illustrated in 
Figure 1. 

 
1. Function test 
The items of the function test for measuring the 
capability of equipments vary between types of 
equipment, since the functions and the capability 
variables of each piece of electric equipment are 
different from one other. The major IEEE standards and 
the function test items are shown in Table 3 for each 
piece of target equipment. IEEE Std. 382 stipulates four 
function tests for the SOV, which are as follows: the 
operating voltage test, the operating pressure test, the 
leakage test, and the response speed test. The operating 
voltage test and the operating pressure test are performed 
before and after each environment test, while the leakage 
test and the response speed test are run twice before and 
after the equipment qualification tests [3]. The details of 
the test items and the systems for each function test are 
provided in the paragraphs below. 
 
1.1 Operating time test 
The response speed of the SOV is defined as the 
difference between the time of terminating the supply of 
the power to the SOV and the time when the pressure in 
the valve starting to be reduced as shown in Figure 2. In 
case of SOV, the valve using DC voltage is faster than 
the valve using AC power by about two times. It is 
required to use a precision location sensor along with 
high-speed data acquisition equipment and the storage of 
test data, since the typical response speed of SOV is 
several tens of millisecond. As aforementioned, the test 
is performed only twice along with the leakage test; both 
before and after the EQ test respectively. Operating time 
of AOV and MOV measures on-off time under no-load 
condition and simulated load condition. 
 
1.2 Operating voltage test 
The purpose of the operating voltage test is to measure 
the voltage when the plunger of the SOV starts moving, 
and when the plunger is closed again at the specific 
pressure. The former is called the pull-in voltage test, 
and the latter is called the drop-out voltage test. The 
pull-in voltage test measures the minimum voltage where 

the plunger starts moving under the maximum operating 
pressure conditions. The drop-out voltage test measures 
the maximum voltage under the maximum differential 
pressure and zero pressure of the valve. As for the SOV 
using DC voltage, the pressure where the plunger starts 
moving is measured by increasing or decreasing the 
voltage in an incremental manner. 

 
1.3 Operating pressure test 
The operating pressure test measures the minimum 
pressure for operating the SOV under the rated voltage. 
This test method is similar to the operating voltage test. 
Pressure is measured when the plunger starts moving, 
while changing the pressure in an incremental manner. 

Equipment IEEE 
Standard No. Functional Test 

POV 

SOV 

382 

Operating time test 
Operating voltage test 
Operating pressure test 
Leakage test 

AOV 
& 

MOV 

Output speed test 
Operating time test 
Output torque or thrust 

characteristics test 
Leakage test 

Motor 

43, 
112, 
117, 
334 

Insulation resistance test 
Winding resistance test 
No load test 
Temperature test 

Cable 383 Insulation resistance test 
Dielectric strength test 

Limit Switch 572 
Insulation resistance test 
Dielectric strength test 
Conductor continuity test 

Figure 1 EQ test procedure of IEEE Std. 382 

Table 3 Functional test contents of EQ equipment 
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1.4 Leakage test 
 The purpose of the leakage test is to verify the 
air-tightness of the valve. There are two leakage test 
types such as the internal leakage test for verifying 
leakage from the seat, and the external leakage test for 
verifying leakage from the valve body. The internal 
leakage test is performed as follows: the valve is 
installed in such a way that the outlet pipe of the valve is 
immersed in water in the water tank as shown in Fig. 4, 
nitrogen or air is then supplied to the inlet, and any air 
bubble is checked at the outlet tube. The external leakage 
test is performed as follows: the body of the SOV is 
installed in water, and a pressure 1.5 times that of the 
rate pressure is applied for verifying any air bubbles 
from the surface of the body. A leakage detector is often 
used for detecting leakage by making use of helium in 
lieu of air or nitrogen for the precise measurement of 
leakage. 
 
1.5 Output load test 
Output load test measures on load of valve stem or 
actuating axis when operating. Load type can be thrust or 
torque as operating method of valve actuator. In this test, 
the load test is performed under changing supply of 
actuating source such as fluid pressure, electric voltage 
or under interrupting actuator operation as shown in 
Table 4. 
 
1.6 Additional function test 
The SOV and MOV is a piece of electric equipment. It is 
an item for measuring the insulation characteristics that 
should be included in the function test items in addition 
to the four types of the tests stipulated in IEEE Std. 382. 
The electric insulation characteristics of the coil are a 
very important environmental factor for the SOV, since 
the characteristics directly affects the capability of the 
valve. The equipment qualification test of a motor 
includes the insulation characteristics test of the coil as 
one of the function test items [4]. 
 

Table 4 Test conduct of output load test of MOV and 
AOV 

 
The insulation characteristics test includes the voltage 
resistance test and the insulation resistance test. The 
voltage resistance test is to verify any current leakage by 
applying a high voltage of twice rated voltage plus 1000 
VAC between the power cable and the valve body for 
one minute, while the insulation resistance test is for 
verifying resistance at the same point and is kept higher 
than the specified value [5]. Typically, it is judged 
normal if the resistance value is greater than 1 GΩ when 
applying a voltage that is higher than 500 VDC. 

 
2. Normal condition test 
The common environment test is performed after the first 
function test of the power operated valve. The common 
environment test includes the accelerated thermal aging 
test, the radiation aging test, the periodic operation test, 
and the vibratory aging test. The function test is 
performed before and after the individual tests. The 
details of the test items and the procedures for the 
common environment test are provided in the paragraphs 
below. 

 
2.1 Radiation aging  
The radiation aging test is performed by irradiating 
radiation doses to the POV. These does are equivalent to 
a radiation dose under the common environment 
conditions for the design cycle of the plant of about 40 
years, and the exposed dose under an accident 
environment. The irradiation source is Co-60, which 
emits a gamma ray. The radiation dose of the power 
operated valve at new constructing plant is approx. more 
than 106 Gy, and the dose may slightly vary dependent 
upon the location of a plant. Since the lower the radiation 
dose rate is reduced, the worse aging of the nonmetal 
materials becomes even at same radiation dose. IEEE Std. 
383 stipulates that the radiation dose is lower than 104 
Gy/h [6]. 

 

Equipment Test conduct Actuating 
source 

MOV Output torque or thrust 
under min. input supply 

Electrical, 
pneumatic, 
hydraulic motor 
actuator 

AOV 

The operating output 
thrust and torque 
characteristics at min. 
specified pressure 
Max. thrust or torque in 
each direction at max. 
specified pressure 

Pneumatic, 
electro-hydrauli
c, hydraulic 
actuator 

Figure 2 Concept of response time
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2.2 Accelerated thermal aging test 
The accelerated thermal aging test is for verifying that 
the POV functions safety functions normally while the 
valve is thermally aged in the design lifecycle of the 
plant. Since it is, however, not practical to perform the 
thermal aging test for an extended period of the design 
lifecycle such as 30 or 40 years, the Arrhenius equation 
is used for reducing the test period. This indicates the 
relationship between the response speed and the 
temperature of materials and activated energy [7]. 
 

R � Ae���	

 �        (1) 

 
Equation (1) indicates the Arrhenius Identity. The higher 
the temperature of the materials increases and the lower 
the activated energy becomes, the higher the response 
speed of the materials is elevated. When obtaining the 
reciprocals from both sides in this equation, the response 
speed is converted into the response time, and when 
obtaining the log from the reciprocals, the following 
value is yielded: 
 
ln � � ��

� � � ln A        (2) 
 
When converting equation (2) into the relationship 
between the common environmental conditions and the 
accelerated environmental conditions, the following 
results are yielded. 
 
ln ��

��
� ��

� � �
��

� �
��

          (3) 
 
The common environment temperature (T0) is a sum of 
the environment temperature at the plant and the 
increased temperature due to heat generated from the 
POV. Since the common environment temperature at the 
plant has already been defined for each zone of 
installation of the equipment, it is allowed to define the 
temperature (T1) and the time (t1) to be accelerated 
during the test. 
The energy activated is a unique value for the materials, 
and can be obtained from the existing database, or 
through experiments such as UTM and TGA. It is 
required to survey all the activated energy values of 
nonmetal materials used for the POV to identify the 
smallest value to be used. The reason is that the smaller 
the activated energy is reduced, the longer the 
accelerated aging period grows, and nuclear power plants 
demand equipment qualification tests under the most 
conservative environment for reliability. 
It is allowed for testing engineers to flexibly adjust the 
time and the temperature of the accelerated environment 
test. Though the higher the test temperature elevates, the 
shorter test time is reduced, the test shall be performed at 
a temperature that is lower than the melting point of all 
the nonmetal materials of the POV, and IEEE Std. 323 

stipulates that the accelerated thermal aging test shall be 
performed for longer than 100 hours   [1]. These two 
conditions shall be considered when calculating the test 
conditions. 
 
2.3 Cycle aging test 
The cycle aging test is only applicable to the SOV and is 
performed during and after the accelerated thermal aging 
test respectively in the number of predicted operation for 
lifetime of NPP. One cycle means that out-port is fully 
pressurized and fully vented by energizing and 
de-energizing. During the thermal aging test, the SOV is 
subjected to a minimum of 10 % of the operating total 
cycle. And then, the remaining cycle numbers shall be 
tested. The SOV shall be repeatedly operated in 
condition of the maximum operating pressure 
differentials during the test. The schematic diagram of 
the systems for the periodical operation test of the SOV 
is as shown in Figure 3.  

 
2.4 Pressurization test 
The POV have their inlet and cylinder ports plugged so 
as not to subject them to atmospheric pressure during the 
containment pressurization aging phase. The POV is then 
exposed to pressurization cycles between zero and some 
high pressure. The high pressure value is specified as 
488 kPa in IEEE Std. 382, but dependent on applicable 
NPP. The POV exposed to the fifteen numbers of 
external pressurization and the pressurization condition 
shall be held for a minimum of 3 min for each cycle. For 
the POV used in outside containment, no pressurization 
cycle testing is required. 
 
2.5 Vibratory aging test 
The plant facilities are exposed to vibration during the 
operation of the plant, since vibration is generated from 
rotating machinery and fluids. The vibratory aging test 
verifies that the capability of equipment is kept intact 
under the defined vibration conditions, which are 
installed in the vibration table. The vibration test is 

Figure 3 Cycle aging test schematic
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performed at an acceleration of 0.75 g on each axis for 
90 minutes. The vibration frequency is increased from 5 
Hz to 100 Hz by a step of 2 octave/min, and then 
reduced from 100 Hz to 5 Hz. 
 
3. Accident environment test 
 
3.1 The seismic test 
The seismic tests are classified into the operation basis 
seismic test and the safety shutdown seismic test. The 
operation basis seismic test verifies that all of the 
equipment is capable of operation with the safety 
functions kept intact upon the outbreak of an earthquake, 
while the safety shutdown seismic test verifies that the 
equipment is kept operable until the plant is safety shut 
down. The operation basis seismic tests shall be 
performed five times and the safety shutdown seismic 
test once. 
The operation basis seismic test performs the vibration 
test at two-thirds the level of the seismic acceleration 
conditions required for the design of the plant. The 
frequency is increased from 2 Hz to 35 Hz by a step of 1 
octave/min, and then reduced from 35 Hz to 21 Hz. 
The items of the safety shutdown seismic test cover the 
tube mounting equipment, which are mounted on the 
tubes, and the facility mounting equipment, which are 
mounted on the structure. Sine vibration waves are 
applied to the sample of the tube mounting equipment at 
a single frequency for 15 seconds or longer the 
frequency is increased from 2 Hz to 32 Hz in a step of 
1/3 octave/min. The composite frequency test shall be 
performed for the facility mounting equipment by 
applying vibration to the two axes or three axes. The test 
shall be performed three times in X-Y, Y-Z, and Z-X 
directions for testing on the two axes. The environment 
profile provided by the plant is applied for the test, and 
the test duration shall be longer than 30 seconds. The 
POV is almost tube-mounting equipment. However, it is 
recommended to perform both of the tests on the valve 
by taking into account various applicability. 

 
3.2 Design basis event test 
The design basis event tests are classified into the loss of 
coolant accident (LOCA) test, the high-energy line break 
(HELB) test, and the main steam line break (MSLB) test. 
The LOCA test is for the worst environment conditions 
for all the test items for equipment qualification. This 
test assumes an accident where the leakage of cooling 
water from a high pressure and temperature from 
containment building occurs, and applies the accident 
environment conditions to samples. When the cooling 
water is leaked, the containment building will be full of 
high temperature and high-pressure steam. In such a case, 
chemical solutions are sprayed from the nozzles mounted 
on the ceiling of the building to reduce the steam energy 
and the radiation dose. Therefore, the POV is subject to 
the environment of high temperature and high pressure 

steam, and chemical solutions that were sprayed during 
the design basis event test. The schematic diagram of the 
test facilities is as shown in Figure 4 illustrates the 
LOCA environment profile of new constructing NPP in 
Korea. 
The function test of the POV is performed when the 
temperature and the pressure are highest during the 
LOCA test, and is to be continuously performed at a 
defined interval until the test is completed. Since the 
samples are positioned in the test chamber, the function 
test is replaced with the operability test.  
Spraying of the chemical solutions shall start when the 
conditions of temperature and pressure in the test 
chamber reach the peak points during the LOCA. The 
acidity of the chemical solutions keeps in the specified 
range. 
 

ACCEPTANCE CRITERIA 
 

The acceptance criteria are for verifying that all of the 
equipment is qualified in the equipment tests. The 
equipment is considered qualified if all of the capabilities 
of the equipment satisfy the acceptance criteria after 
completion of the all the tests. The acceptance criteria is 
defined for verifying the appropriateness of capabilities 
of the equipment when planning the equipment 
qualification tests, and is compared with the function test 
results after the completion of the test. The allowable 
criteria makes a quantitative comparison based on the 
difference in data of the function test first performed 
during the equipment qualification test, or during 
specific limits. For example, as for the SOV, the 
acceptance criteria is decided for the leakage test and the 
voltage-resistance test, as well as for the operating 
voltage test, the insulation-resistance test and the 
response speed test of the limit values. Table 5 shows the 
items and the values of the acceptance criteria recorded 
in the equipment qualification report [8] of the 125 Vdc 
SOV that was developed by ASCO. 

Figure 4 Loss of coolant accident test profile
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Table 5 Acceptance Criteria contents of SOV 
 

Test contents Acceptance 
Criteria 

Leakage 
Test 

External @ 1.5 times pass 
Internal @ rated pressure pass 

DC 
operating 
voltage 
test 

Pull-in voltage test @ 
maximum specified 
operating pressure drop 

< 3 Vdc 

Drop-out voltage test @ 
maximum specified 
differential pressure and 
zero pressure 

> 110 Vdc 

Dielectric Strength test Pass 
Insulation Resistance test > 109  
Response Time Test < 10 ms 

 
 
The acceptance criteria varies dependent upon the 
specifications of the POV demanded by the nuclear 
power plants, and the product specifications developed 
by the manufacturers. 

CONCLUSION 
 

In this paper, the provisions and the procedures of the 
test for EQ of the POV actuator for NPPs were analyzed, 
and information on the items, the methods and the 
systems for the tests was identified in-depth. 
The standards for EQ of the POV are hierarchically 
configured in the order of the legislations, guides, and 
provisions. The test provisions are broken down 
dependent upon the equipment and the items for the test. 
The legislations of equipment qualification are stipulated 
in the CFR codes and the regulatory guides of the 
Nuclear Regulatory Commission, and the provisions are 
in the standards of the IEEE. The major applicable 
provisions for the SOV are IEEE Std. 323 and 382. 
However, other IEEE standards provide an in-depth 
description of the temperature test, the voltage-resistance 
test, the insulation-resistance test, the accelerated thermal 
aging test, and the seismic qualification test stipulated in 
those two standards. Therefore, the major provisions and 
the detailed criteria for the test items shall be considered 
and applied to the qualification test.  
The items of the EQ tests are classified into the function 
test, the common environment test, and the accident 
environment test. Both the common environment test and 
the accident environment test are applied to the 
equipment, while the function test has differences in the 
items of the function test dependent upon the functions 
and the capability characteristics of the equipments. 
IEEE Std. 382 stipulates five function tests for the POV 
which are as follows: the operating time test, the 

operating voltage test, the operating pressure test, the 
leakage test, and the output load test. The insulation 
characteristics test for assessing insulation capability is 
additionally included in these items. The common 
environment test performs the accelerated aging test, the 
radiation aging test, the periodic operation test, the 
pressurization cycle test, and the vibratory aging test, 
while the accident environment test performs the design 
basis event test and the seismic qualification test. 
Qualification of the test equipment after the completion 
of the EQ test is decided dependent upon satisfaction of 
the acceptance criteria by the capability of the 
equipment. 
The manufacturer of the POV shall select the 
components and the materials, and shall design the valve 
by taking into account the items and the conditions of the 
EQ tests. The test institute for EQ shall demonstrate 
compliance with the procedures and the details of the 
qualification tests that are to be performed in accordance 
with the defined test items and with the regulatory 
institutes' required conditions. Therefore, the author 
expects that the technologies for EQ of the POV actuator 
analyzed in this paper will be utilized as very useful 
technical data for the development and application of the 
POV actuators. 
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ABSTRACT 

In fluid power systems, especially in many types of valves, there exists very small volumes which are particularly 
problematic in the case of dynamic analysis. Small volume with respect to the so-called normal sized orifice, formulate 
the system of equations which become mathematically stiff. This is a common source of numerical problems. To solve 
the stiffness problem, the present paper employs two alternative methods for conventional integration. Both 
implementations have in common that direct integration of pressures in small volumes is avoided and they are freely 
applicable regardless of used integration routine. Conventional numerical simulation with sufficiently small time 
increment is used as reference response. The valve studied is commonly available, proportional, load-sensing 
directional valve designed for mobile hydraulic systems, containing main spool and load-holding poppet with pilot 
spool. The present paper describes the methods in general level using a real-time simulation application of a relatively 
complex valve as a case study. Results are compared to those computed using conventional method. 

KEY WORDS 

Real-time, simulation, small volume, pseudo-dynamic, singular perturbation 

NOMENCLATURE 

Be Oil bulk modulus [Pa]
Cv : Volume flow coefficient of the main spool 

[m3 / s Pa] 
K: Volume flow coefficient of the load-holding 

poppet valve [m3 / s Pa] 
k: Volume flow coefficient of the main spool 

depending on the input signal [m3 / s Pa] 
L: Cylinder stroke [m] 
m: Mass connected to the cylinder [kg] 
p : Pressure [Pa] 
V: Volume [m3]
x : Cylinder position [m] 
x0, x1: Threshold value in step function [Pa] 

y0, y1: Threshold value in step function [m3 / s Pa]
: Variable in step function [-] 
p : Pressure drop [Pa] 
t : Time step length [s] 
Q : Compressional flow [m3 / s] 

Q : Volume flow [m3 / s] 
 : Scaling factor

 : Typical relative volume or density change
: Pressure in small volume [Pa] 

Subscripts 

A / B: Transmission lines A and B 
cyl : Cylinder 
inner : Inner loop of pseudo-dynamic model 
Leak : Leakage 
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Lock : Lock – load-holding poppet 
min : Minimum value 
Ref : Reference model 
SPT/Pseu: SPT model and the outer loop of 

pseudo-dynamic model 
Pseudo : Variable in pseudo-dynamic solving method 
Tol : Pseudo-loop convergence criteria 
1 : Refers to A1 
2 : Refers to B1
A1 / B1: Variable related to the load-holding poppet 
A11 / B11: Variable related to the main spool 

: Variable related to the small volume 
between the load-holding poppet and the 
main spool 

INTRODUCTION 

In fluid power systems, especially in many types of 
valves, there exists very small volumes which are 
particularly problematic in the case of dynamic analysis. 
This is due the fact that from mathematical point of 
view small volumes in connection with larger, so-called 
normal volumes, formulate the system of equations 
which become mathematically stiff. Consequently, the 
system stiffness approaches infinity as the fluid volume 
approaches zero since it is related to fluid 
compressibility. For this reason, during dynamic 
analysis of the fluid power system the time integration 
of pressures in small fluid volumes is a common source 
of numerical problems. 
The presence of relatively small time constants makes 
numerical integration of the ordinary differential 
equation (ODE) system difficult. Conventional explicit 
integration methods become numerically unstable 
unless a very small time increment is used. This leads 
into excessively long computational times. For stiff 
systems implicit, especially L-stable, ODE algorithms 
are recommended. Their drawback is that they have to 
solve a set of nonlinear equations at each time step, 
which reduces the computational efficiency of the 
method. To solve the problem caused by small fluid 
volumes, the present paper employs two alternative 
methods for conventional integration. Both 
implementations have in common that direct integration 
of pressures in small volumes is avoided. 
Singular Perturbation Theory (SPT) is used in model 
reduction where the dynamics equations are 
pre-processed such that they can be integrated using 
routines for non-stiff systems. The Singular Perturbation 
Theory is originally introduced by Fenichel [2] and 
applied into fluid power simulation by Scheidl et al. [7] 
The other implementation is the pseudo-dynamic 
solving method that solves the pressure as a steady-state 
pressure at each time step. The solution is obtained by 
numerical integration and iterative solution of the 
steady-states of the pressures after transient state. To 
reach the steady-state, artificial volume for the stiff part 

of the system is used in a cascade integration loop. 
Pseudo-dynamic solving method is proposed by Åman 
[8].
The rule of thumb for using both above-mentioned 
solving methods is that the nominal frequency (time 
constant), created by the small volume, is not significant 
in comparison with the dynamics of the whole system. 
The hydraulic capacitance V/Be of the parts of the circuit 
of which stiffness is reduced should be at least ten times 
smaller than that of those parts whose pressures are 
integrated conventionally. 
Both methods have the advantage of easy programming 
implementation and they are freely applicable 
regardless of used integration routine. Conventional 
numerical simulation with sufficiently small time 
increment is used as reference response when evaluating 
the accuracy of these two implementations. 
The valve studied is commonly available, proportional, 
load-sensing directional valve designed for mobile 
hydraulic systems, containing main spool and 
load-holding poppet with pilot spool. Between the 
load-holding poppet and the main spool there exists a 
very small volume compared to the other volumes in the 
valve structure. In order to simulate the dynamic 
behaviour of the valve in real-time, both the 
pseudo-dynamic solving method and singular 
perturbation technique are applied. 
The present paper describes the methods in general 
level using a real-time simulation application of a 
relatively complex valve as a case study. Results are 
compared to those computed using conventional method 
with a small time increment. 

MODELLING OF THE COMPLEX MOBILE 

DIRECTIONAL CONTROL VALVE 

The valve studied is commonly available, proportional, 
load-sensing directional valve designed for mobile 
hydraulic systems, containing main spool and 
load-holding poppet with pilot spool [5]. Between the 
load-holding poppet (Item no. 7 in Fig. 1) and the main 
spool (Item no. 2 in Fig. 1) there exists a very small 
volume (V A1 /  V B1)  compared  to  the  other  volumes  in  
the valve structure. In order to simulate the dynamic 
behaviour of the valve in real-time, both the 
pseudo-dynamic solving method and singular 
perturbation technique are applied. Items no. 1 and 12 in 
Fig. 1 are not modelled. 

Modelling of the fluid power circuit shown in Fig. 1 is 
started by implementing the required 
differential-algebraic equations for all the volumes, 
respectively. As an example, only equations related to 
one fluid power transmission line (line A) are presented. 
The other is then derived similarly but – naturally – 
oppose direction. 
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Figure 1 Modelled fluid power circuit [5] 

The volume through the main spool (Item no. 2) is 
described using Eq. (1a…1c) 

QA11=-U1Cv p5 A1 ; U1 < - 1 x10-4

(1a)
QA11= CvLeak p5 A1 ; -1x10-4 < U1<1 x10-4

(1b) 
QA11=U1Cv p0 A1 ; U1 > 1 x10-4

(1c) 

It is assumed that the steady-state opening of the lock 
valve orifice is a third order polynomial of the pressure 
drop and the valve dynamics can be described by a first 
order differential equation. Thus, the volume flow 
coefficient of the load-holding poppet is solved from the 
Eq. (2) 

KA1=
KA1

(2)

, where y according to Eq. (3a…3c) 

y= y0; pLock x1
(3a)

y= y0 + (y1- y0) 2(3 - 2 ) ; 0 pLock x1
(3b)

y= y1; pLock > x1
(3c) 

, where 

=
pLock x0

x1 x0

pLock = A1 + p1 - pA1 - pref

pA1=0 ; U1 < -1 x 10-4,   pA1= p1 ; U1 -1 x 10-4

And the volume flow through the load-holding poppet is 
solved from Eq. (4) 

QA1=KA1 A1 pA1
(4)

The opening of the main spool of the directional control 
valve is solved using Eq. (5). 

U1=
U1ref   U1

(5)

The pressure build up in each volume can be described 
by the continuity equation of Merritt, Eq. (6) [4]. 

p=
Be

V
Q

(6)

The compressional flow is described by using Eq. (7). 

Q = Qin Qout + V
(7)

, where  is externally supplied volume flow into and 
out of the volume (e.g. pump or actuator flow). 

The flows in and out of the volume can be described by 
using Eq. (8). 

Q=f p)
(8)

SOLUTION OF PRESSURES IN SMALL 

VOLUMES IN DYNAMIC SIMULATION 

To solve the problem caused by small fluid volumes, 
the present paper employs two alternative methods for 
conventional integration. Both implementations have in 
common that direct integration of pressures in small 
volumes is avoided. Instead the degrees of simulation 
models are reduced using two different methods. These 
methods are the pseudo-dynamic solving method [8] 
and the Singular Perturbation Theory [7]. 
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Degree Reduction by Pseudo-dynamic Solving 

Method 

The pseudo-dynamic solver is based on the basic 
assumption  that  if  the  volume  in  the  system  to  be  
described  is  small  enough,  the  pressure  can  be  
expressed by a steady-state pressure, as explained in [1]. 
The method has two key ideas. Firstly, the nominal 
frequency (time constant), which is created by the small 
volume, is not significant in comparison with the 
dynamics of the whole system. Secondly, instead of 
integrating the equations for pressure gradients in such 
volumes, their pressures are solved as steady-state 
pressures by using a pseudo-dynamic solver. The solver 
integrates the pressures in a separate integration loop 
while the volumes have pseudo-values providing a 
smooth and fast solution.  

The key idea in the proposed method is to find 
steady-state solutions for the pressures in small volumes 
at each integration step, while the pressures in larger 
volumes as well as the other differential equations are 
integrated normally [8]. In other words, the 
pseudo-dynamic solver consists of two cascade 
integration loops, the outer and the inner loop. The outer 
loop consists of the ODE solvers integrating all other 
variables except those which are related to small 
volumes. Inside the outer loop, there is a separate ODE 
solver (inner loop) encoded to produce steady-state 
solutions for pressures in small volumes. The inner loop 
is executed by iterative means, i.e. it is controlled using 
the criterion for convergence, it has its own time space, 
the outer loop is paused during the inner loop run and 
only the last value of the integrated variable is returned 
to the outer loop. As the convergence criterion, the first 
derivative of pressure is used. With this predetermined 
condition, can be ensured that the attained solution has 
reached the steady-state. The influence of convergence 
criterion into the simulation results is studied in 
reference [9]. 

Simulation is started by defining that the pressures A1
and B1 are  solver  in  their  own  inner  loops  of  the  
pseudo-dynamic solver. Initial parameters are 
substituted into differential and algebraic equations and 
pseudo-loop is started. Integration in inner loop is 
carried out until the defined stopping criterion is 
reached. Note that the outer loop is paused during the 
inner loop run and these loops have their own 
independent time spaces. After inner loops are executed 
the pressures A1 and B1 are directed to outer loop as 
initial parameters. Integration in outer loop at first time 
step is carried out according to initial parameters. 
Integrated values are updated into differential and 
algebraic equations as new initial parameters. Results 
are stored and handled in post-processing after outer 
loop integration time has run out. 

Pseudo-dynamic Solution of Steady-States of Fluid 

Power Circuits 

The idea behind this algorithm is to consider each 
pressure node as finite volume. By doing so, each node 
represents  a  volume  in  which  pressure  builds  up  or  
decreases dependent on the compressional flow of the 
node, i.e. the sum of total flow to and from the node.  
The three equations, Eq. (6), (7) and (8), make up the 
system formulation, which requires integration routine 
to update the pressures. For this a standard fixed step 4th

order Runge-Kutta implementation is used, where the 
time steps in the solver are set sufficiently low to the 
account for the pseudo-dynamics in the system. This, 
however, also means, as oppose to the static solver, that 
no update algorithm is used, as the pressures are directly 
updated by the integration routine. For the static solver 
the update law also had a filtering effect. For the 
pseudo-dynamic solver this effect is instead replaced 
with pressure build up in the nodes, but to make the 
routine numerically more robust it may be also 
beneficial to add some pseudo-dynamics to the 
components with discrete states [6]. 

Degree Reduction by Singular Perturbation Theory 

A system is described by a relation: 

F(u, ) = 0 , 

where u is its state from a vector or function space,  a 
small non-dimensional parameter (0  < 0; 0 1), 
and F some map. The system is called regularly 
perturbed in  if [7]: 

lim
0

u( ) =u0,
F(u0 ) = 0. 

Otherwise it is called singularly perturbed. u0 is the 
solution of the so called reduced problem which is 
derived from the full or perturbed problem when the " is 
set to zero prior to solving the equation. u( ) is the 
solution of the full equation for different values of . In 
case of more than one solution regularity means that all 
solutions of the perturbed problem converge to a 
solution of the reduced problem [7] 

Singular Perturbation Theory in Modelling Complex 

Mobile Directional Valve 

The basic idea is to use the steady-state solution of two 
orifices in series connection. It is called as singularly 
perturbed i.e. its degree has been reduced so that the 
integration of the pressures A1 and B1 in small volumes 
can be avoided [3]. The drawback of this method is that 
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the pressures of the small volumes are needed in 
dynamic equation for the ambient volumes. It must then 
be reproduced by a steady-state equation from the 
surrounding pressures, orifice flow and cross-section 
area of orifice which leads into a term in which square 
of flow is divided by square of cross-section area of the 
orifice. This again leads into numerical problems. As an 
example, only equations related to one fluid power 
transmission line (line A) are presented. The other is 
then derived similarly but – naturally – oppose 
direction. 

Let us examine the transmission line A. The pressure 
build-up in small volume can be expressed as follows: 

A1=
V A1

( kA11 p0 A1  KA1 A1-p1 )

(9)

p1=
Be

VA1
( KA1 A1-p1 QcylA1)

(10)

Let us use the following expressions: 

A1= p1,
(11)

and 

=
p1
Be

= A1
Be

 ,

(12)

where is the scaling factor, Be the effective bulk 
modulus of the system and  a typical relative volume or 
density change. For typical hydraulic fluids and 
pressures its magnitude is O(10-2) [7]. 

So, the set of equations can be written as follows: 

V A1

Be
A1= kA11 p0 A1 KA1 A1 p1

(13)
and 

VA1

Be
= KA1 A1  p1  QcylA1

(14)

From Equations (2.3) and (2.4) we get 

A1= Be
(15)

Now, by keeping Eq. (14) as it is and substituting Eq. 
(15) into Eq. (13), the model can be written as: 

V A1Be = kA11 p0 A1 KA1 A1 p1

VA1

Be
= KA1 A1 p1 QcylA1

(16)

When the relation between the pressure and modulus of 
compressibility approaches zero, the latter term in 
Equation (16) takes the form: 

lim
0

=> kA11 p0 A1 KA1 A1 p1 = 0

  kA11
2 ( p0 A1) KA1

2( A1 p1 ) = 0.

Then by taking the square of the both sides and solving 
for A1, we finally bring Eq. (16) into the form: 

A1=
kA11

2p0+ KA1
2p1

kA11
2+ KA1

2

VA1

Be
= KA1 A1 p1 QcylA1

(17)

The volume flows QA11 and QA1 can be expressed in 
following form, Eq. (18)  

QA11= QA1=
kA 11 KA1

kA11
2+ KA1

2
p

(18)

The minimum value, kmin, for volume flow coefficients 
is defined to avoid the situation that during calculation 
the denominator in Eq. (18) would become zero. This 
would lead into immediate crash of the simulation run.  

KA1 = max( kmin,, KA1 )

Because the volume changes direction depending on the 
pressure drop, the following conditional statement of 
the directional spool position, Eq. (19) is needed. To 
avoid numerical problems caused by the pressure drop 
approaching zero, the absolute value of the pressure 
drop and the step function must be used. 

if U1 < -1 x 10-4

kA11 = max( kmin, ( -U1Cv )); p = p5 - p1
elseif U1 > 1 x 10-4

kA11 = max( kmin, ( U1Cv )); p = p0 - p1
else

kA11 = CvLeak; p = p5 - p1
(19)
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Finally, the steady-state equation, Eq. (20) for the 
pressure in small volume can be written in simpler 
form: 

A1=
QA1

2

KA1
2 +p1

(20)

NUMERICAL EXAMPLE 

This study was started by modeling the fluid power 
circuit using three different approaches. The 
conventional 4th order Runge-Kutta method was used as 
reference response and it was implemented in Simulink. 
The pseudo-dynamic and SPT methods were 
implemented in MATLAB M-Files. To simplify the 
implementations of the alternative solving methods, the 
Euler method is selected to be used for integration of 
the accessory calculations and the 4th order Runge-Kutta 
method is only employed in the inner loop of the 
pseudo-dynamic solver. 
In all simulation runs step function is involved in 
calculations of the volume flows to ensure the smooth 
approaches and crossings of the zero pressure drop. Its 
influence on results has been minimized by setting 
threshold pressure as low as model still stand stable 
(threshold pressure 1 x 105 Pa). Without use of 
step-function simulation runs failed. 
To the hydraulic cylinder is connected the payload of 
20 000 kg. Due to the external dynamics of the system it 
is difficult to adjust the initial values such that the inner 
pressure  in  small  volumes  remains  stable  during  
simulation run. That is why in the pressure responses of 

A1 and B1 of  the  SPT  model  there  appears  vibrations  
while the directional valve is closed (U1=0).
To ease this phenomena the boundary values of the step 
function has been increased to 5x105 Pa. This makes the 
calculation of volume flows smoother near zero 
pressure surroundings without any degradation of model 
accuracy or extension in calculation time.  

Reference response 

As a reference model the fluid power circuit is modelled 
as explained in Section 2. This carried out in Simulink 
which enables easy employment of different integrators. 
The 4th order Runge-Kutta method is selected to be used 
for solving the equations. Time step length of t =  5  x  
10-6 s  was  the  longest  possible  for  the  use  without  
notable changes in responses i.e. model stability. Used 
initial values are represented in Table 1. This method 
for finding the reference response is commonly 
acknowledged and can be stated as the most accurate 
one when time step length is set sufficiently short. The 
drawback for use of this conventional method is the 
computational speed. Computational times are not 
investigated within this study but the accuracy of 

different models. Naturally, the goodness criterion for 
employing different solving methods was at least 
reasonable computational time. 
The simulated work cycle of the fluid power circuit is 
the following. First the cylinder is driven to (+) 
direction (out), then the movement is stopped and 
eventually the cylinder is driven to (-) direction. In Fig. 
2 this is presented in the form of directional valve 
control reference signal. Also the realized valve spool 
opening is illustrated. 

Figure 2 Control reference signal and the feedback from 
valve spool 

Results 

The following results are achieved using three 
alternative solving methods for the pressures in small 
volumes. 

First, the response of the pressures in the small volumes 
A1 and B1 are studied. The responses are illustrated in 

Fig. 3 and 4. 

Figure 3 Internal pressures A1 and B1 of directional 
control valve. 
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Figure 4 More focused view of Figure 3. 

From Fig. 3 and 4 can be seen that responses achieved 
using different solving methods correspond to the 
reference response mainly well. Only in switching 
points of the control reference there exist deviations. 
Pseudo-dynamic solving seems to be more accurate 
even there exist more oscillations in switching point. 

The cylinder piston position x and piston velocity  is 
illustrated in Fig. 5 and 6. 

Figure 5 Cylinder piston position and velocity. 

Figure 6 More focused view of Figure 5. 

It can be stated that both proposed solving methods 
realize the piston position and piston velocity in 
acceptable accuracy. The responses of pseudo-dynamic 
solver show identical behaviour with the reference 
responses. In the response of piston position of SPT 
model there exist deviation within 1 mm tolerance. 

The volume flow coefficients of the load-holding 
poppet KA1 and KB1 are illustrated in Fig. 7 and 8.  

Figure 7 Volume flow coefficients of the load-holding 
poppet. 

Figure 8 More focused view of Figure 7. 

It can be seen from Fig. 7 and 8 that the differences 
between different solving methods come up in 
responses of the volume flow coefficients. This due to 
the fact that the load-holding poppet with the 
pilot-operated lock-up function represents the fastest 
dynamics in the system after the small volume in which 
the transients are very fast.  
The responses of pseudo-dynamic method follow the 
reference responses with small oscillations and 
deviation. But the SPT model suffers from numerical 
noise when the value of volume flow coefficient is 
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lower than 3 x 10-7 m3 / s Pa. The steady-state deviation 
while the valve is closed is due the limitation of the 
minimum value of the volume flow coefficient to avoid 
numerical problems in SPT model. 

CONCLUSIONS 

Two alternative solving methods for pressures in small 
volumes were applied to fluid power circuit composing 
of mobile directional control valve and actuator. The 
pseudo-dynamic solving method was stated to meet the 
reference response more accurate. The reference 
response was achieved using explicit 4th order 
Runge-Kutta integration routine and sufficiently short 

time increment. The reduced model by Singular 
Perturbation Theory provide less oscillation but more 
deviation from the reference responses than appear the 
pseudo-dynamic model.  
The pseudo-dynamic model provides better integrator 
stability since longer integration time steps compared to 
the conventional method can be used. It was then shown 
that using both of the proposed solving methods 
numerical problems apparent in calculations by 
conventional methods can be avoided. And both are 
suitable for the real-time simulation of complex mobile 
directional valve. 

Table 1 Initial values used in system simulation 
tRef = 5 x 10-6 s tSPT/Pseudo = 1 x 10-5

s
tinner = 5 x 10-5 s

V A1 = 5 x 10-6 m3 V B1 = 5 x 10-6 m3 Vpseudo = 1 x 10-3 m3

VA1 = 4.4 x 10-3 m3 VB1 = 16.2 x 10-3 m3 L = 0.78 m
D1 = 0.2 m D2 = 0.11 m x = 0.1 m

p0 = 290 x 105 Pa p1 = 0 Pa p2 = 0 Pa
pref = 5 x 105 Pa pTol = 1 x 103 Pa p5 = 0 Pa

Cv = 3.56348 x 10-7 m3

s Pa
kmin=1 x 10-7 m3

s Pa
CvLeak = 1 x 10-7 m3

s Pa
m = 20 000 kg x0 = 0 y0 = 0

b=500
Ns
m

x1 = 1 x 105 Pa y1 =10 x Cv

simtime = 0.75 s Be = 1.5 x 109 Pa

REFERENCES 

1. Ellman, A. Proposals for Utilizing Theoretical and 
Experimental Methods in Modelling Two-Way Cartridge 
Valve Circuits. PhD thesis, Tampere University of 
Technology, 1992. 
2. Fenichel, N. Geometric Singular Perturbation Theory 
for Ordinary Differential Equations. Journal of 
Differential Equations, Vol. 31, pp.53-98, 1979. 
3. Handroos, H. and Vilenius, M. Flexible 
Semi-Empirical Models for Hydraulic Flow Control 
Valves. Journal of Mechanical Design, Vol. 113, pp. 
232-238, 1991. 
4. Merritt, H. Hydraulic Control Systems. John Wiley & 
Sons, 1967 
5. Parker Hannifin. Catalogueue HY17-8535/UK. PDF 
07/05, 2005 
6. Pedersen, H. Automated Hydraulic System Design and 
Power Management in Mobile Hydraulic Applications. 
PhD thesis, Aalborg University, 2007. 
7. Scheidl, R., Manhartsgruber, B., and Kogler, H. 
Model Reduction in Hydraulics by Singular Perturbation 
Techniques. In 2nd Int. Conf. on Computational Methods 
in Fluid Power. Fluid Power Net Publication, pp.1-6, 
2006.

8. Åman, R. Methods and Models for Accelerating 
Dynamic Simulation Fluid Power Circuits. PhD thesis, 
Lappeenranta University of Technology, 2011. 
9. Åman, R. and Handroos, H. Optimization of 
Parameters of Pseudo-Dynamic Solver for the Real-Time 
Simulation of Fluid Power Circuits. In 7th International 
Fluid Power Conference Aachen, (Aachen, Germany, 
22-24 March 2010), Vol. 1, pp. 495-507, 2010. 

711
Copyright © 2011 by JFPS, ISBN 4-931070-08-6



1

Leakage-Detection System in a Liquid Pipeline

Duo FENG*, Yiqin ZHENG*,Takeshi NAKADA*,Yasuo SAKURAI **

* Tokyo Denki University, School of Information Environment, Tokyo Denki university
2-1200 Muzai Gakuendai, Inzai, Chiba, 270-1382 Japan

**Ashikaga Institute of Technology Department of Innovative Engineering
268-1 Oomae-cho, Ashikaga-shi, Tochigi, 326-8558 Japan

ABSTRACT

In this study, a novel leakage-detection system suitable for liquid pipelines is proposed in which acoustic emission (AE) 
sensors are used. The multiple functions of flow rate measurement and detection of acoustic emission generated by a 
leakage from the pipe are provided in the AE sensors for the detection of leakage from a pipeline. The characteristics of 
a leakage-detection system constructed on the basis of the proposed method are experimentally clarified. The 
experimental results showed that leakage- detection was possible for leakage flow rate of greater than 0.55 l/min by 
using the flow rate measurement function, and greater than 0.45 l/min by using the AE detection function. The 
combination of functions in the proposed method allows effective leakage evaluation of pipes.

Keywords: Leakage-detection, Acoustic emission sensor, Pressure sensor, Pipeline, Tap water

1. INTRODUCTION

Liquid pipeline systems are widely used in liquid 
transportation systems such as water-supply and drainage 
systems, water-cooling systems, and oil pipeline systems. 
It is estimated that in Japan, 7 % of the total water supply 
is lost as a result of leakage. In April 2010, a large 
quantity of crude oil was leaked into the sea as the result 
of an explosion at a subsea petroleum facility in the Gulf
of Mexico. There is increased concern regarding the 
deterioration of the natural environment and the 
ecological environment arising from the use of pipeline 
systems. A response to these emerging social demands 
will require, as one measure, the development of a 
monitoring system that can estimate the health of a 

pipeline system from the viewpoint of high-efficiency
operation, pipeline safety, resource savings, and 
environmental protection.
In this paper, a novel system for detecting leakage in 
liquid pipelines is proposed as the first step in the 
development of a system to monitor the health of liquid 
pipeline systems. In addition, a system for detecting 
leakage based on the proposed method is constructed. 
The constructed system consists of an acoustic emission 
inspection system using acoustic emission (AE) sensors 
and a system for checking pressure using pressure 
sensors. Focusing on the AE sensors, the characteristics 
of the leakage-detection system are experimentally 
clarified, and the experimental results confirm the 
effectiveness of the proposed system. This system can be 
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employed to provide early warning of a pipeline leakage 
and failure.

2. SYSTEM for MONITORING the HEALTH of a 

LIQUID PIPELINE

In our concept of a system to monitor the health of a 
liquid pipeline, the following three functions are 
required.

A function to estimate corrosion and fatigue in 
a pipeline, and to pinpoint corrosion and fatigue 
locations.

A function to not only detect a leakage, but 
also to identify the flow rate and location of the 
leakage.

A function to provide early warning of a 
pipeline leakage and failure.

The realization of these concepts requires sophisticated 
instrumentation such as AE sensors for the first function; 
flow rate sensors and pressure sensors for the second 
function; and computerization for the third function. In 
this study, a leakage-detection system having the second 
and the third functions is proposed. Particularly, in 
consideration of extensibility to include the first function, 
it is very important from the viewpoint of reducing the 
number of sensors needed that the function of measuring 

the flow rate is provided in the AE sensor system, which 
is commonly employed for the realization of the first 
function.

3. PROPOSAL for LEAKAGE-DETECTION 

SYSTEM FOR a LIQUID PIPELINE and

EXPERIMENTAL APPARATUS

Figure 1 shows the concept of the leakage-detection 
system proposed in this study. Although AE sensors and 
pressure sensors need to be mounted on the pipeline at 
many locations, only two AE sensors and pressure 
sensors are shown in Fig.1.
Both a function to measure flow rate and a function to 
directly detect the acoustic emissions generated by a
leakage from the pipe are provided to detect a leakage
and ascertain its flow rate in each of the AE sensor
systems, which consist of AE sensors, amplifiers shown 
in Fig.2, and a signal processing circuit shown in Fig.3.
Leakage- detection can be conducted by two methods 
using the two functions provided in the AE sensor 
systems. It is considered that, for example, detection of 
major leakages can be readily accomplished by a
comparison of flow rates at various locations using the 
flow rate measurement function in the AE sensor system.
Small leakage can be detected by extracting the acoustic

Fig.1 Concept of proposed leakage-detection system
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Fig. 2 Experimental apparatus for leakage-detection system

emissions generated by the leakage of a liquid from a 
pipeline. In this paper, the leakage-detection method 
using the flow rate measurement function is called the 

- e
leakage-detection method using the extraction of 

-leakage 

sensors, the detection of a leakage [1] can be carried out 
using pressure gradients and the differences in pressure 
at various locations along a pipeline. 
In our proposed leakage-detection system, when leakages 
are found by methods using AE sensors and pressure 
sensors, the leakage flow rate are obtained, and data 
collected at various locations along the pipeline enable 
the leakages sites to be pinpointed.
Figure 2 shows an outline of the experimental apparatus 
for the leakage-detection system based on the concept 
shown in Fig. 1. The liquid used in the experiment is tap 
water. The main part of the experimental apparatus 
consists of a hydraulic pressure source that provides a 
flow of tap water from a reservoir into a pipeline, a steel 
pipeline with an inside diameter of 1.3 cm, a section of 
pipeline with a simulated leakage, two AE sensors to 
detect acoustic emissions, two pressure sensors, and a 
data acquisition board (DAQ) to transmit data detected 
by each sensor to a computer for analysis. AE sensors A 
and B are mounted directly on the wall of the pipe 80 cm 
upstream of and 40 cm downstream of the point of 
leakage, respectively. In the simulated leakage section, 
the leakage flow rate can be adjusted by a flow control 

valve. The pipeline is considered to be in a normal state 
when the flow control valve is closed, and in an 
abnormal state when the flow control valve is opened.

4. SIGNAL PROCESSING CIRCUIT for

LEAKAGE-DETECTION USING AE SENSORS

Figure 3 shows the signal processing circuit for 
leakage-detection using AE sensors. It incorporates two 
signal processing circuits, the IAEM circuits and the 
DAEM circuit. The IAEM circuit is employed to 
diagnose leakages, based on the IAEM. In this method, 
measurement of the liquid flow rate is most important, 
and it has been already developed by the authors [2]. 
Using the developed flow rate measurement circuit, the 
flow rates are measured at the positions where AE 
sensors A and B are mounted on the pipeline, and the 
presence of a leakage is diagnosed from the difference in 
measured flow rates by the diagnostic circuit. The 
DAEM circuit is employed to diagnose a leakage directly 
by extracting the acoustic emissions generated by the 
leakage, based on the DAEM. In the DAEM shown in 
Fig.3 the output of the high pass filter is processed to a
root mean square value (Vrms) with RMS circuit. 
Figure 4 shows the frequency spectra of the AE signals 
obtained experimentally with the AE sensor A. Figure 
4(a) shows the frequency spectrum of normal 
background noise. Most of the frequency components are
lower than 700Hz. Figure 4(b) shows the frequency
spectrum for the case in which the source flow rate Qs of 
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Fig. 3 Signal processing circuit for leakage-detection using AE sensor

Fig. 4 Frequency spectrum analysis for AE signal

the pipeline is 9 l/min in a no-leakage condition. The 
results show a remarkable increase in spectrum 
amplitude in the frequency band between approximately 
800 and 2,000 Hz with increasing flow rate. Figure 4(c) 
shows the frequency spectrum for the case in which Qs is 
9 l/min, and the leakage flow rate Ql from the simulated 
leakage section in Fig. 2 is 1 l/min. Comparing the 
frequency spectrum for the no-leakage case shown in 
Fig. 4 (b) with the spectrum for the leakage case shown 
in Fig. 4 (c), shows that when there is a leakage there is a
significant increase in the spectrum amplitude for 
frequency components higher than 4,500 Hz. Therefore, 
in the signal processing circuit shown in Fig. 3, the 
frequency band of the band pass filter in the IAEM was 
set from 900 to 1,800 Hz, while the frequency band of 
the high pass filter in the DAEM was set to higher than 

4,500 Hz. The isolation of the frequency bands of the 
filters in the signal processing circuit means that the 
IAEM and the DAEM can operate independently and 
simultaneously in detecting a leakage. In this manner, it 
is possible to diagnose leakages independently by means 
of flow rate measurement in the IAEM, and the output 
magnitude of the RMS circuit in the DAEM.

5. EXPERIMENTAL RESULTS of 

LEAKAGE-DETECTION

Prior to the experiment to detect leakage using the IAEM, 
the flow rate measurement systems using AE sensors A 
and B were calibrated. The calibration result for the 
measurement system using AE sensor A is shown in Fig. 
5. In this figure, Qc and QAE are the flow rates measured 
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using a commercial flowmeter and the flow rate 
measurement system with AE sensor A, respectively. It 
was found from the calibration result that the flow rate 
measurement system using AE sensor A has an accuracy 
of 15 % over the region in which the flow rate ranges
from 5 to 10 l/min. The calibration result for the flow 
rate measurement system using AE sensor B was 
about the same as that for AE sensor A.
To evaluate the possibility of detecting leakage, the flow
rates of the pipeline were measured using AE sensors A
and B in the IAEM, and at the same time the RMS values 
(Vrms) of the output of the RMS circuit in the DAEM 
were obtained, when Qs was 9 l/min and Ql was varied. 
As the fluctuation in the leakage flow rate increased for
leakages of less than 0.45 l/min due to the 
characteristics of the flow control valve shown in Fig. 2, 
the experiment was conducted for leakages greater than 

0.45 l/min.
Figure 6 shows the relation between the leakage flow 
rate and the pipeline flow rate measured with AE sensor 
A mounted upstream of the leakage position, and with 
AE sensor B mounted downstream of the leakage 
position in the IAEM. The results show that detection of 
leakage with a flow rate of greater than about 0.55 l/min 
is possible using the difference in the flow rates 
measured by AE sensors A and B. The leakage flow rate 
can also be estimated in this way. However, for leakages 
of less than 0.55 l/min, the difference in the pipeline flow 
rates is so small that leakage-detection becomes 
inaccurate. 
Figure 7 shows the relation between the leakage flow
rate and Vrms in the DAEM. In this experiment, when 
there is no-leakage in the pipeline, Vrms is adjusted to 0 V. 
It can be seen from the figure that for leakages of greater

Fig.5 Calibration result of the flow rate measurement system using AE sensor A

                 
Fig. 6 Leakage flow rates and flow rates of pipeline measured with AE sensors A and B in IAEM
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Fig.7 Relation between leakage flow rate and Vrms in the DAEM

than 0.45 l/min, the Vrms values for both AE sensors A 
and B have non-zero values, increasing from about 0.8 to 
1.0 V with increasing leakage flow rate. Therefore, using 
this method, it is found to be possible to detect with 
certainty a leakage with a flow rate greater than 0.45 
l/min. 
Comparing the results for the IAEM and DAEM, a 
smaller leakage can be more effectively detected by the 
DAEM than the IAEM, but the IAEM has the advantage 
that the actual leakage flow rate can be measured. This 
study proposed the novel idea that the multiple functions 
of flow rate measurement and AE detection were 
provided in AE sensors for the detection of a leakage 
from a pipeline, and it was found that these multiple 
functions were very effective in detecting leakages.

6. CONCLUSION

In this study, a novel leakage-detection system suitable 
for liquid pipelines was proposed in which AE sensors 
were used. The multiple functions of flow rate 
measurement and AE detection were provided in the AE 
sensors for the detection of leakage from a pipeline. A 
leakage -detection system based on the proposed method 
was constructed, and an experiment was conducted to 
evaluate its capabilities. The experimental results showed 
that leakage- detection was possible for leakage flow rate 

of greater than 0.55 l/min by using the flow rate 

measurement function, and greater than 0.45 l/min by 

using the AE detection function. In case of the AE 
detection the leakage-detection may be possible even if 
leakage flow rate is smaller than 0.45 l/min. The system 
could not only detect leakage but also measure the 
leakage flow rate. The combination of functions in the 
proposed method thus allows effective leakage 
evaluation of pipes.
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