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ABSTRACT 

In this paper, some new achievements of Kagawa's researches on pneumatic techniques and applications are introduced. 
One of them is concerned with a low noise pneumatic resistance. In regard to its basic principle, compressed air is 
blown out through a very thin radial slit structure to form laminar flow. By this means, aerodynamic noise caused by 
turbulence can be decreased to a much lower level comparing with other type resistances like orifice. The radial slit 
type resistance is applied to develop a new pressure regulator by making the gap thickness of radial slits adjustable, 
which is characterized by lower noise and less pressure fluctuation. Another proposal introduced in this paper is an 
unsteady mass flow generator which can continuously generate and control oscillatory flow at a frequency up to 50[Hz]. 
An important component of the generator is an isothermal chamber in which the essential isothermal condition is 
preserved. Utilizing the mass flow generator yields many practical applications, for example, the developments of air 
power meter. Recently, Kagawa's research interest extended to analysis and development of pneumatic non-contact 
handling device. A new non-contact handling method called vortex levitation by using swirling air flow is analyzed in 
Kagawa’s laboratory. Swirling air flow can form a parabolic negative pressure distribution to pick up a work piece and 
keep it stably levitate with a considerably thin gap under the device. Furthermore, it is confirmed that a work piece will 
vibrate while being picked up and its vibration can be damped to zero due to a damping effect. 
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FOREWORD 

Pneumatic technique is widely used because of its 
inherent advantages like generating little heat and 
magnetic free, etc. Though its researches and 
applications had been carried out for hundreds of years, 
more effort is obviously needed especially as the 
environmental problem and energy crisis become severe 
recently. The author is devoted to pursue the 
development of new pneumatic techniques to explore 
the possibility for the solutions of those problems. In 
this paper, some new achievements are introduced with 
key words of low noise, energy consumption assessment 
and energy-saving. First, low noise radial slit type 
regulator is developed and proven to be able to decrease 
aerodynamic noise to a much lower level than the 
orifice type regulator while depressurizing a high 
pressure. Next, unsteady mass flow generator is 
proposed and applied to the development of air power 

meter. Finally, a new non-contact handling technique by 
using swirling air flow is introduced, which is 
characterized by its low air power consumption.  

RADIAL SLIT TYPE REGULATOR 

Usually, an orifice type regulator is widely used while 
depressurizing supply original pressure to a certain 
pressure that is often much lower than the original 
pressure. However, the orifice type regulator is always 
accompanied with problems of pressure fluctuation and 
considerable noise due to the turbulence flow. In order 
to solve those problems, a new pneumatic resistance is 
proposed by using radial slit structure, and is applied to 
develop a new pressure regulator by making the gap 
thickness of radial slits adjustable. In this section, the 
flow rate characteristics of the radial slit type regulator 
were investigated experimentally, and the noise level is 
confirmed to be decreased to approximately 40dB lower 
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than the orifice type one[1,2].  
Structure of radial slit type regulator 
Figure 1 shows a schematic drawing of the variable slit 
structure. The slit structure consists of three elements, a 
disk, a guiding bar and coned disk springs. The upper 
part of Figure 1 shows the cross section of the structure. 
The upper disk consists of a flow inlet and an upper 
surface of the radial slit. The inner diameter of upper 
disk is 8.5mm. The guiding bar guides the movement of 
the disk. Coned disk springs are installed between the 
disk structures and the height of them are precisely 
controlled. The compressed air enters from the center of 
the upper disk and is exhausted outward through the 
radial slits. The lower part of Figure 1 shows the top 
view of the lower disk. The lower disk consists of a 
lower surface of the radial slit and a groove for holding 
the disc springs. The outer diameter of upper disk is 
50mm, and the depth of groove is 0.5mm. The structure 
of the coned disk spring is shown in the right part of 
Figure 1. Its material is SUS304, and the spring constant 
is 619.5N/mm. The diameter of the coned disk spring is 
8mm. The thickness is 0.3mm, and height is 0.55mm. It 
is located on groove of disk. The height difference of 
groove and coned disk spring makes the 50μm slit. The 
height of it is precisely controlled with a control force. 

The picture and the structure of newly developed 
regulator are shown in Figure 2. In this study, we 
produced a new regulator which has four layers of slit as 
shown in the right side of Figure 2. The compressed air 
with supply pressure Ps enters from the center of the 
disks and is exhausted to atmosphere pressure through 
the slits. The pneumatic cylinder is set up below the disk, 
and its piston is connected with the disk. The control 
pressure Pc is supplied to the cylinder, and the cylinder 
moves the disk. Therefore, the gap thickness of slits is 
controlled with the pneumatic cylinder by changing the 
control pressure. The gap thickness of slit is measured 
by a microscope. 

Flow rate characteristics 
The flow characteristics were measured experimentally 
using the experimental apparatus shown in Figure 3. 
Buffer tank and two regulators are set up on the 
upstream side. Supply and control pressures were 
regulated by each regulator. The pressure and the flow 
rate were measured using a bourdon tube pressure gauge 
and a float-type area flow meter, respectively. The 
measured flow characteristic is shown in Figure 4. The 
supply pressure is set constant at 500kPa. The control 
pressure was increased from atmospheric pressure to 
700kPa and then decreased to atmospheric pressure. The 
triangular symbols show the increased process of the 
control pressure and the rectangular show the decreased 
process. 
When the control pressure was increased to 300kPa, the 
flow rate was decreased from 216Nl/min to 24Nl/min. 

The flow rate decreased at a rate of 1Nl/min in 1kPa, 
and a change of flow rate was large in this range. When 
the control pressure is beyond 300kPa, the flow rate 
decreased at a rate of 0.04Nl/min in 1kPa. In this range, 
a change of flow rate was small. The flow rate at 
700kPa was close to 0Nl/min. When the control 

Figure 1 Adjustable radial slit 

Figure 2 Radial slit type regulator 

Figure 3 Experimental apparatus for flow 
characteristics 

Figure 4 Flow rate characteristics 
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pressure is decreased to atmospheric pressure, the flow 
rate is smaller compared with the increased process. 
This is considered to be caused by the hysteresis of the 
pneumatic cylinder and the coned disk springs. 
Noise level 
The noise level of the valve was measured using a 
microphone sensor. The background noise level of the 
room is at 30dB. Microphone was placed in the room at 
an angle of 45 degree from the center axis of the 
regulator as shown in Figure 5. The distance from the 
regulator to the microphone was 1.0m. The noise levels 
of the orifice and the newly developed regulator with 
the variable slit structure were compared. The 
experimental results are shown in Figure 6. The 
horizontal axis is flow rate, and the vertical axis is the 
noise level. We confirmed in advance that the flow 
characteristics of the orifice and the new regulator were 
approximately the same. The results indicated that the 
noise level decreased approximately 40dB in the new 
valve. 

UNSTEADY MASS FLOW GENERATOR  

There is no effective method to calibrate the dynamic 
characteristics of gaseous flow meters due to a fact that 
the density of those fluids changes largely with respect 
to both pressure and temperature. This section describes 
the development of an unsteady mass flow generator for 
gases. The generator mainly consists of an isothermal 
chamber and two spool-type servo valves. The heat 

transfer area within the isothermal chamber is made 
sufficiently large by stuffing the copper wool materials 
to ensure that the essential isothermal conditions are 
preserved [3]. The calibration of the dynamic 
characteristics of the gaseous flow meters and the 
internal flows within such meters are achieved using the 
generator. Experimental tests reveal that the generator 
can control oscillatory flows at a frequency of up to 50 
Hz with an uncertainty of 5.5%. In addition, the 
generator can generate flows for more than 30 min[4,5]. 
Principle
The unsteady mass flow is generated using an isothermal 
chamber and two servo valves, as shown in Figure 7. The 
state equation for compressible fluids in a chamber can be 
written as

WRPV                 (1) 
The following equation can be derived by differentiating 
Equ.1, if the chamber volume is constant: 

dt
dWRRGG

dt
P

V outin
c )(       (2)

Here, the mass flow rate Gin is charged through the servo 
valve installed in the upstream of the isothermal chamber. 
The controlled mass flow Gout, which is the generated flow, 
is discharged through the servo valve installed in the 
downstream of the isothermal chamber. The generated 
flow Gout is given by the following equation by 
transforming Equ.2: 

dt
dW

dt
dP

R
VGG c

inout             (3) 

If the state of the air in the chamber during charge or 

Figure .5 Experimental pneumatic circuit 

Figure .6 Comparison of noise level between orifice 
type regulator and radial slit type regulator 

Figure .7 Sketch of the unsteady mass flow generator 

Figure .8 Photograph of the mass flow generator
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discharge remains isothermal, the generated mass flow rate 
can be obtained from Equ.3 as 

GG
dt

dP
R
VGG in

c
inout         (4)

Since the condition remains isothermal, the average 
temperature in the chamber is equal to the room 
temperature a[3]. Equ.4 indicates that if the volume of the 
chamber V and the room temperature a are known, then 
the generated mass flow rate can be controlled by the 
pressure difference in the isothermal chamber and the inlet 
mass flow rate. The inlet mass flow rate is controlled by 
servo valve 1, as shown in Figure 7, and the pressure 
change in the isothermal chamber is controlled by servo 
valve 2. 
Apparatus
A schematic diagram and a photograph of the developed 
generator are shown in Figure 7 and 8, respectively. The 
apparatus consists of an isothermal chamber, two 
spool-type servo valves, two pressure sensors and a 
personal computer. Servo valve 1 controls the charged 
mass flow rate to the isothermal chamber, and servo valve 
2 controls the generated unsteady flow from the chamber. 
A laminar flow meter having a high-speed response was 
arranged on the downstream side of the mass flow 
generator, as shown in Figure 9, and was used to verify the 
generated unsteady mass flow[6]. 
Experimental results 
The target oscillatory mass flow rate is given as a sine 
wave. The low-pass filter was used for the processing of 
the measured data. The cut-off frequency of the filter 
was set at three times the frequency of the phenomenon. 
Figure 10 shows an experimental result at a frequency 
of 50Hz. In the Figure, the dashed line shows the target 
flow rate, the solid line shows the generated flow rate 
using the unsteady mass flow generator and the 
short-dotted line indicates the measured flow rate using 
the laminar flow meter. From Figure 10, it could be 
confirmed that the target flow rate and the generated 
flow rate show good agreement. And the flow is 
generated continuously for 30min. These results show 
that the maximum error between the target mass flow 
rate and the generated mass flow rate is less than 
approximately 5%. 
Figure 11 shows a triangular wave at a frequency of 5 
Hz. The maximum pressure change speed in the 
isothermal chamber is about 200 kPa/s that is the 
maximum value of the pressure control in the isothermal 
chamber. The proposed generator is thus proven to be 
capable of generating various flows. 
Applications
The unsteady mass flow generator yields many practical 
applications. For example, the dynamic characteristics 
of an air power meter, which has an ability to measure 
instantaneous air power consumption and is shown in 
Figure 12, can be examined since an exact unsteady 
mass flow rate is available for test input. And the 
development of air power meter might contribute 

    Figure .9 Photograph of quick flow sensor 

Figure .10 Oscillatory flow at a frequency of 50Hz 

Figure .11 Triangular wave at a frequency of 5Hz 

       
       Figure .12 Photograph of air power meter 
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largely to energy-saving researches because of a proper 
measurement on pneumatic energy consumption[7].  

NON-CONTACT HANDLING DEVICE USING 
SWIRLING AIR FLOW  

Usually a work piece is brought into contact with a 
handling device in order to be picked up and moved. 
Such contact methods are often accompanied by surface 
scratching and static electricity. Therefore, many 
non-contact handling approaches had been proposed and 
have proven effective. In this section, a new pneumatic 
non-contacting handling approach named vortex 
levitation is introduced by the authors. Vortex levitation 
is characterized by its low air consumption. Comparing 
to Bernoulli levitation, it requires less air supply flow 
rate while generating the same lifting force. In our 
research, analysis is conducted on both its static and 
dynamic characteristics[8,9].  
Mechanism of vortex levitation
A simple structure called the vortex cup (hereafter 
referred to as cup) is used to generate an air swirling 
flow. As can be seen in Figure 13, the cup is made up of 
a circular cylinder and a tangential nozzle inserted 
above. A fillet is cut at the bottom to direct air out of the 
cup. Compressed air is blown through the nozzle into 
the cup, and then spins along the circular wall to create 
a negative pressure in the central area by centrifugal 
force. This negative pressure will be applied as a lifting 
force to a work piece placed under the cup, which will 
then pick it up hold it at an equilibrium position where 
the weight is balanced by the lifting force. Because air 
is supplied continuously, the work piece will keep 
levitating with a gap of hundred micrometers from the 
cup, through which air can be discharged into the 
atmosphere. For this reason, the work piece never 
contacts the cup.  
Pressure distribution
Figure 14 shows a sketch of the cup and indicates the 
coordinates. The lower of Figure 14 plots the radial 
pressure distribution at a certain gap thicknesses for the 
case in which the supply flow rate is set constant. It is 
observed from this figure that the pressure inside the 
cup is distributed along the radial direction, and the 
pressure distribution is quite similar to a parabolic curve. 
Moreover, because air flows relatively slowly toward 
the gap entrance and then is forced into the thin gap, it 
is observed that pressure drops through the gap.  
One more important fact is that negative pressure inside 
the cup is dependent on the gap between the cup and the 
work piece. As the gap is enlarged, pressure at the gap 
drops to atmospheric pressure. At the same time, the 
parabolic pressure distribution shifts toward the vacuum 
with a uniform distribution. However, once pressure in 
the gap becomes nearly equal to zero, the negative 
pressure inside the cup slowly recovers toward 
atmospheric pressure. 

Lifting force and stable levitation
According to the negative pressure distribution and its 
change with respect to the gap thickness between the 
cup and the work piece, the lifting force increases as the 
gap is enlarged, and decreases slowly after it reaches a 
maximum as the gap becomes bigger and bigger. The 
curve shown in Figure 15 indicates the lifting force and 
its change. From this result, it is known that the cup can 
handle a work piece whose weight is less than 
maximum lifting force. As an example, assume a 0.2 
[N] work piece is handled by the cup, which is plotted 
by a broken line in Figure 15. This line intersects the 
lifting force line at two points A and B where the weight 
is balanced by the lifting force. If the work piece gets 
closer to the cup than A, it will obviously fall back to A 
because the lifting force is smaller than its weight. If it 
comes into the region between A and B, the lifting force 
becomes bigger than its weight to be able to pull it back 
to A. However, the work piece will fall down once it 
gets further away than B due to the insufficient lifting 
force. Therefore, A is defined as a stable levitation 
position and B is defined as the levitation boundary 
position. The region from the bottom of the cup to B is 
called the stable levitation region. 
Dynamic levitation
The experiments and analysis as stated above were 
conducted only in the steady state conditions. 
Considering its practical uses, for example, in a 

Figure .13 Sketch of vortex cup 
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Figure .14 Pressure distribution 
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semiconductor production process where each wafer is 
handled frequently during repeated loading and 
unloading, efforts are obviously needed to investigate 
how the work piece behaves at the moments when it is 
picked up by the cup and when it is disturbed while 
levitating under the cup. Therefore, investigations on the 
dynamic characteristics of vortex levitation were 
conducted and reported. Figure 16 is an instantaneous 
movement of the work piece at the vertical direction 
when it is picked up by the cup. The vibration due to its 
inertia occurs and is damped to zero in several periods.  
In order to clarify the reason of the damped vibration, a 
pressure response was measured while keeping the work 
piece to vibrate continuously under the cup. Pressure 
responses inside the cup and in the skirt are shown in 
Figure 16, respectively. A very thin air layer is formed 
between the surrounding skirt and the work piece. Air 
reaches a higher pressure when it approaches to the cup 
than when it gets away from the cup. Thus, by this 
means damping effect can be confirmed to result in the 
damped vibration.   

AFTERWORD 

Low noise, energy consumption assessment, energy 
saving non-contact handling technique, these 
achievements mentioned in this paper contribute toward 
improving environment and saving energy consumption. 
Their further applications can be expected in the future. 
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ABSTRACT 

Water hydraulics is an old technology area, which has been used already hundreds of years. Earliest applications where 
water was used as power transmission medium are known already from 2000 years ago. Modern water hydraulics can 
be comprised as a technology area where new design, material and control technologies are applied to water hydraulic 
systems. In 1990’s very much research and development of water hydraulic systems and components were carried out 
in several laboratories in many countries. During the new millennium the research efforts has been a little bit smaller, 
but the continuously rising concern about globe and global climate change has also increased the interest on water 
hydraulic applications. This paper describes the actual research activities related to development of water hydraulic 
components and systems. The main focus areas are discussed and the challenges and possible solutions of each subject 
are analyzed. Water quality aspects, component technology, control aspects and also applications are covered. Also 
some analysis about water hydraulics’ possible role in climate change process and energy saving are presented. 

KEY WORDS  

Water hydraulics, Oil hydraulics, Sustainable development, Research, Component technology 

NOMENCLATURE 

CFD : computational fluid dynamics 
DOC : dissolved organic carbon 

x  : (Number of particles > (x) upstream) /        
(Number of particles > (x) downstream) 

INTRODUCTION 

Almost everybody agree that the use of not renewable 
energy and especially oil have to be decreased in the 
future. More emphasis have to be put on the use 
renewable sources like solar, wind and wave energy in 
the future. Even the consumption of hydraulic oil in the 
world is of course is much smaller than total oil 
consumption (over 80 million barrels per day [1]), the 
number of tons used in fluid power is still quite 
significant. By reducing this amount fluid power world 
and machine builders can do their share of global 
climate work. 
The use of water hydraulics is one possibility to develop 
fluid power systems to more environmental friendly 
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direction. In this context water hydraulics can be 
understood as a technology, which is using water or 
water based fluids for transmission of energy and 
power.  
Water hydraulics is the first fluid power technology, 
which is used already in 18th century. The modern 
water hydraulics technology is new application area, 
which has had strongly increasing trend since 1980’s. 
Using different waters instead of oils in hydraulic 
systems brings the following benefits: environmental 
safe, fire safe, explosion safe, low cost fluid, good 
availability of the fluid, easy storage of the fluid etc.  
IHA (Department of Intelligent Hydraulics and 
Automation, Tampere University of Technology) has 
put systematically efforts on developing water 
hydraulics technology during 1990’s and during the new 
millenium. Research have been made in different 
projects in Finland and internationally. 

ROLE OF HYDRAULIC PRESSURE MEDIUM IN 

SUSTAINABLE DEVELOPMENT  

Pressure medium life cycle 

If we are thinking about the lifecycle of hydraulic oil 
and the costs related to every phase, the total sum will 
grow quite very high. We have to take into account all 
the investments related to drilling the oil, transportation, 
refining, marketing, delivery, use and disposal. 
Naturally it is impossible to find out just costs focused 
on hydraulic oil, because also other oil products are 
produced always at the same time. 
When comparing the supply of oil and water to each 
other, the difference is quite essential. Oil drilling is 
huge business, which needs big investments. For 
example the oil rigs have to be able to build in deeper 
water in the future. That means even bigger investments. 
Water is instead easily available and for example from 
sea water it is relatively easy to produce water for water 
hydraulic systems.  
One important factor globally is the packages for oil 
products. All the oil products are packed to barrels, 
containers, cans etc. The production of these packages 
requires a lot more extra energy than taking the water 
from tap.  
The use of water in hydraulic system needs extra care 
considering the water quality. Microbiological growth is 
a phenomenon, which causes extra costs for 
maintenance and service. Also when using some 
additives for preventing microbial growth, some extra 
costs are generated. On the other hand storage of water 
is much easier and normally, when tap water is used, no 
storage costs are generated. Also, water doesn’t wear 
out, so the fluid replacement can be less frequent than 
with oil. That is also very much according to sustainable 
development, because less energy is used for fluid 
replacement and the disposal is every time easier than 
with oil, which have to be transported to special 

disposal plants. 
Energy efficiency 

Energy efficiency of machines and systems will be also 
very important aspect in the future. The consumption of 
energy during system building, system use and system 
disposal have to be minimized. So the whole life cycle 
of the whole systems have to be considered. 
When thinking about water hydraulics, the situation is 
versatile. Due the material requirements of   
components, the system building costs are higher than 
oil hydraulics at present. The reasons for that are, for 
example, base materials and very small production 
quantities. In high pressure water hydraulics the price 
difference can be 3-5 times. However, in low pressures 
the price difference is decreasing. The energy 
consumption per system can be evaluated to be higher, 
because the materials used are requiring longer 
machining times and more complicated processing that 
in oil hydraulics.  
The use of water instead of oil is offering benefits, when 
considering energy consumption. The pressure losses in 
pipes and components are smaller with water than oil, 
which is clear benefit, with large flows and long pipes. 
On the other hand the leakages could easily be higher 
with water. This, of course, leads to use of smaller 
clearances and seals, which can increase friction and 
that way energy consumption. However, the basic 
design and control principle of the system have very big 
role for the system energy consumption. If the basic 
design doesn’t include relief function when needed, 
controllable pump rotation speed when needed or the 
control valve or block have to have small flow paths, 
the energy losses can rapidly increase. In accurate and 
fast control tasks with digital water hydraulics, also 
control algorithms can be optimized considering the 
minimizing of energy consumption.  
When evaluating the system components disposal after 
the use, no significant differences between water and oil 
hydraulics can be found.    

ACTUAL RESEARCH INTRESTS IN WATER 

HYDRAULICS 

The Department of Intelligent Hydraulics and 
Automation (IHA) has a long history in water hydraulic 
research. The motion control has always been one of the 
most important research areas in both oil and water 
hydraulics research in IHA. The water hydraulics 
motion control research has been concentrated both on 
component research and system level research. In the 
beginning of new millennium a lot research was made 
with on/off-control in water hydraulics. On/off –control 
is very cost effective way to achieve relatively good 
characteristics, because the cost level of water hydraulic 
servo valves is very high. At present this work has been 
transferred to its own research team Digital Hydraulics, 
which also covers oil hydraulic on/off –systems. 
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Proportional technology is also an important part of 
water hydraulic motion control. Proportional valves are 
undeveloped except some exceptions and on the other 
hand the system and control technology has not been 
widely applied to water hydraulic motion control. Both 
areas are intensively researched in IHA. 
Use of water in hydraulic has a great opportunity to 
cavitation in components where pressure gradients are 
large. One of these components is a seat valve where the 
pressure drops in relatively short length. The seat valve 
is, however, quite cost-effective valve type to water 
hydraulics, because it is possible to manufacture as 
non-leaky with reasonable tolerances that makes it 
interesting for industrial use. The research of cavitation 
in water hydraulic seat valves is one focus area. Also 
the leakage flows in water hydraulic spool valves have 
been studied.  
Microbial growth is a problem in hydraulic systems, 
even though they are considered to be oligotrophic 
environments. Filtration is one of the possible methods 
to reduce microbial growth and particle contamination 
in water hydraulic systems. However, biofilm and 
particles can block the filter element very rapidly and 
prediction of the lifetime of the filter element of water 
hydraulic system is very challenging. IHA has made 
research in this area over 8 years. 
Water quality aspects [2] 
Growth and attachment of bacteria in water hydraulic 
systems is mainly a function of the nutrition 
concentration in the pressure medium. Hydraulic 
parameters and system materials have a slight effect on 
growth and attachment, but the best way to avoid 
problems with microbes is to maintain nutrition levels 
on a par with tap water (DOC 2-4 mg/l).  
Lowering the nutrient concentration and increasing the 
system pressure have been reported as the most 
effective ways for controlling total bacterial numbers 
and counts of viable bacteria in the pressure medium. 
Low reductions have been obtained by adjusting the 
fluid flow velocity in the system. However, an increase 
in pressure resulted in enhanced microbial attachment 
on the reservoir as shown in figure 1.  

Figure 1. Changes in number of microbes in water 
hydraulic systems due to adjusted operational 
parameters and control treatments [3]. 

Experiments showed that biological or physical 
contamination can be reduced to acceptable levels in 
water to secure machine operation, when they are not 
simultaneously present in significant amounts. Based on 
the experiments, it is challenging to determine exactly 
the combined effect of particles and biofilm on a filter. 
Parallel experiments might contribute to statistical 
analyses, but, definitely, statistical analyses do not work 
well in this case because of the nature of microbial 
growth. For example enhanced microbial growth causes 
problems with determination of (microbe)-value 
because of its bioreactor effect in the filter (Figure 2). 
That is, biologically active material together with water 
and suitable temperature promotes an environment for 
microbes to reproduce in filter cartridge. 

Figure 2. Bioreactor effect on a filter cartridge. 

Because of the incomplete knowledge of both physical 
and biological system parameters, the working 
conditions of filters cannot be accurately predicted. 
Preventive maintenance requires more detailed data 
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about hydraulic systems than can be achieved even 
using pilot-scale systems in laboratory conditions.  

Figure 3. Particle and microbe contamination on filter 
fibres. 

The best and only way to deal with filtering problems 
caused by both microbial growth and particles (Figure 
3) is to use two-phased filtration and make sure that the 
system has minimum interface with the surrounding 
environment. A large filtering area ensures better 
long-term operation of filters, because abrupt 
malfunctions are more likely to happen with a filter 
system with a low dirt-holding capacity. 
Water flow in valves [4]
Valve is a basic component in a hydraulics system. Its 
role is to control flow from a volume to another. It is 
therefore the place where lot of energy is dissipated to 
heat and makes the field worth of investigation. A seat 
valve is a good selection for water hydraulics, because 
low viscosity makes it essential to avoid leakage gaps in 
the valve structure. Seat valve is easy and cost-effective 
to manufacture to meet this requirement. Another 
challenge in water hydraulics is cavitation, which easily 
occurs in narrow channels of seat valve. Optimisation of 
the structure is the cure to solve this problem. The 
traditional method for the optimization, i.e. the product 
development, is to use prototypes, that however, is 
laborious and time- and energy-consuming process. The 
more effective expedient is to calculate flow through a 
structure and in a case of a complicated geometry, the 
method of computational fluid dynamics is usually used 
for this purpose.  
The appropriateness and reliability of CFD for 
simulating flow of water in cavitating conditions in 
different seat valve structures are investigated with 
experimental measurements of flow rate, pressure 
distribution and cavitation occurrence. The experiments 
show the appearance location and path of travelling 
vapour produced by the cavitation phenomenon. The 
place, where cavitation is originated from, may be very 
minor and the process of the bubble growth is unsteady. 

This makes the pressure measurement challenging, but 
in addition, increases risks of simulation errors. For 
instance, a corner in the seat, which is absolutely sharp 
in the model, causes the results not to show local 
pressure drop around the corner, whereas any chamfer 
on the corner brings it out. Figure 4 represents well the 
time dependency of the vapour cloud behaviour and the 
very local origin where the vapour is produced. At one 
moment, the chamber can full of vapour and at another, 
full of liquid. 

Figure 4. Unsteady situation of cavitating flow. 

The differences in the flow characteristics are diverse. 
Cavitation occurs with the smallest pressure drop over 
the orifice in valve of chamfered seat. On the other hand, 
the discharge coefficient of chamfered valve structure is 
bigger than that of sharp valve structure, which leads to 
conclusion that the cavitation sensitivity between these 
two valve types depends more on flow rate than just on 
pressure drop. The cavitation affects the chamfered seat 
valve lowering its discharge coefficient, but the 
performance of the valve with the sharp seat endures 
despite of vapour in the orifice.  
Shape of poppet in a seat valve is mostly effecting on 
the direction and speed how the jet of vapour behaves in 
downstream side. This is meaningful considering the 
risk of damage caused by cavitation, if it can not be 
fully eliminated by the shape optimization. 
Computational investigation of pressure distribution in 
the valve orifice shows the benefits of valve with 
multistage pressure drop. It reduces the risk of 
cavitation, but chamfer on a single corner of stage is 
still increasing it creating a local low pressure area. 
Figure 5 shows computational pressure distribution in a 
case of chamfered seat edge and figure 6 shows pressure 
distribution with correspondingly defined pressure 
boundaries when there are two edges instead of 
continuous chamfer. Clearly, there is no such a local 
small pressure area if the continuous chamfer surface is 
replaced with the separate edges. Thus, cavitation 
appearance is less probable in the latter case. 
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Figure 5. Computational pressure distribution in 
chamfered orifice (Pa). 

Figure 6. Computational pressure distribution in 
two-step orifice (Pa). 

Even though there are uncertainties in the computational 
methods solving fluid flow in complicated valve 
structures, the benefits are undisputed. If thinking about 
hydraulics, its essence is basically interraction between 
fluid and solid parts. Combining the simulations of rigid 
body motions and the fluid dynamics (FSI, Fluid 
Structure Interaction) is a great opportunity to rise the 
modelling of hydraulics on to a new level. The 
availability of computational power is not anymore the 
limit. The only challenge is anymore the arrangement 
combinig of these two common modelling technologies 
in practice. Fortunately, the CDF software packages are 
developing to the direction making it possible. 
Challenges with pumps [5 ]
The challenges of hydraulic pumps create a need for 
continued tribological research. One research area is the 
use of water hydraulics, particularly the use of variable 
displacement axial piston pumps, in the hydrostatic 
transmission of mobile machinery.  
Axial piston pumps and motors are commonly used in 
hydraulic applications because of their compact size, 
wide operating range and controllability. On the other 
hand these types of pumps and motors are quite 
complex. To increase the overall efficiency of the 
system, variable displacement axial piston units are 

widely used basic components in oil hydraulics 
nowadays. Axial piston type units are very competitive 
also in modern water hydraulic pumps and motors. In 
mobile machines most of the units are axial piston 
design at the moment. However, there are not 
commercial variable axial piston pumps or motors for 
water hydraulics, which is a significant problem in 
certain applications. 
The aim of pump research is to study basic effects 
caused by the adjustment of the swashplate angle. At 
first, the attention is focused on measuring the water 
film thickness between the swashplate and the slipper 
pad and the forces affecting the piston while tilting the 
swashplate (Figure 7). 

Figure 7. Water film thickness measurement test rig.
There are several different water hydraulic pumps on 
the market at the moment. Most of the pumps are oil 
lubricated piston pumps, which are driven by crankshaft 
mechanism. Only a few of the pumps are totally water 
lubricated. Water lubricated pumps are usually axial 
piston pumps with non-adjustable swashplate. Water as 
a pressure medium requires that all materials should be 
non-corrosive and all clearances are smaller than in oil 
hydraulic units.  
Sliding pairs of the pumps are usually made of stainless 
steel and some type of reinforced industrial plastic, for 
example PEEK. All bearings are sliding because 
adequate ball or roller bearings are not yet available. 
Various materials have been tested in pumps in recent 
years and at least water hydraulic pumps with ceramic 
pistons are available. Because of the requirements of 
special design and materials, water hydraulic 
components, including pumps, are generally more 
expensive than oil hydraulic components. Costs are high 
also because of the amount of production is rather low. 
Usually maximum pressure level is 16 MPa but there is 
also at least one commercial pump with 21 MPa 
pressure level. Water flow of the pump varies from a 
few litres per minute to few hundred litres per minute. 
The pump body can be the same in pumps with different 
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displacements, the only difference being the angle of the 
swashplate. However, there is no variable displacement 
pump available on the market. 
Control possibilities 

Water hydraulic motion control is one of main focus 
points in research in TUT/IHA. The research of motion 
control means the research linear or rotary motion with 
components, control algorithms and controllers so, that 
the demanded steady state and dynamic characteristics 
are achieved. The control valves can be on/off –valves, 
proportional valves, servo valves or combination of any 
previously mentioned valves. The control algorithms 
needed are naturally very different in different system 
cases.
As an example of the water hydraulic controllability 
research, an on/off –control case can be mentioned 
(Figure 8). The idea is to use small, reliable and cheap 
mass production valves to implement a linear motion. 
There are several valves, which are controlled so that 
the best possible control accuracy and good dynamic 
characteristics can be achieved. The cost level of this 
kind of digital hydraulic system is only one fraction of a 
servo valve controlled system for handling the same 
operation. 

Figure 8. On/off –valve controlled water hydraulic 
cylinder [6]. 

New components are developed continuously in water 
hydraulics, because the variety of present components is 
still very small compared to oil hydraulics. During the 
last years, the development has concentrated on 
developing new control valves, but also some actuator 
and pump development projects can be found. As an 
example of resent development results, a new 
proportional valve presented in figure 9 can be 
mentioned [7]. The valve is developed by Finnish 
company Sitek-Palvelu Oy in cooperation with 
TUT/IHA. The valve enables to build accurate water 
hydraulic control systems cost-effectively. 

Figure 9. New water hydraulic proportional valve for 
low pressures. (Sitek-Palvelu) 

Control of water hydraulic manipulators and booms is 
also one research interest in IHA (Figure 10). In this 
work a hydraulic crane was equipped with water 
hydraulic components. A control system using two PID 
controllers plus a Feed Forward block (F-PID) was 
implemented, and in order to study the dynamic 
behaviour of this kind of system, a series of tests were 
performed. At first, a characterisation of the system 
(mechanical and hydraulic) was performed and then the 
different steps of the controllers design were analysed 
by means of various end-effector trajectories. The 
results show a very good behaviour of this kind of 
system with a low positioning error. 

Figure 10. Water hydraulic boom with proportional 
control valves [8].  

NEW APPLICATION AREAS 

Mobile hydraulics 

In the future mobile machines will also utilize water 
hydraulics more and more. At the moment there are 
only few commercial applications and some research 
projects related to the subject. One good practical 
example is Renova company in Gothenburg, Sweden [9], 
which is using water hydraulics in its waste packer lorry. 
Renova previously used 15,000 litres of hydraulic oil 
alone in a typical year which had to be purchased, 
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stored and disposed of. In contrast, water is literally ‘on 
tap’, doesn’t create a slippery hazard when leaks occur 
(as hydraulic oil does) and is far easier to dispose of.  
Forklift (reach truck) which is used as a research 
platform in this research is shown in figure 11 [10]. The 
work movements of the forklift are usually realized 
using oil hydraulics. In IHA’s research forklift all the oil 
hydraulic components from the work hydraulics of the 
forklift have been replaced with water hydraulic ones 
and the main focus is in two work movements, which 
are lifting and reaching. In the original realization, there 
are also two other work movements which are shifting 
and tilting of the fork but lifting and reaching are the 
most significant and therefore those are chosen here. 
The driving transmission is electric. 10, 11)

Figure 11. Used research platform (forklift). 

The goal of the study is to demonstrate how modern 
water hydraulics can be applied to mobile machines and 
to use this forklift as a research platform where 
developed condition monitoring system with different 
fault situations and different water hydraulic 
components with different material pairs and control 
systems are tested. 
Very good future mobile application for water 
hydraulics is the lawn mover concept developed by 
Purdue University. For example the golf courses all 
over the world have very tight environmental 
regulations. The machines used in courses are creating 
great risk of leak of hot hydraulic oil.   
Motion platform [11,12] 

The motion platform developed in IHA will be used in 
real-time simulator construction that allows simulation 
of different vehicles with minimal changes. Figure 12 
shows the construction of simulator. There are four 
standard PCs, one for simulation of vehicle (PC 1), one 
for control and position measurement of platform (PC 2), 
one for generating graphics (PC 4) and optional PC for 
main loop (PC 3). System is distributed through local 

area network (LAN), using UDP (User Datagram 
Protocol) for communications. More detailed 
information about the simulator can be found in 
references 1) and 2).

Figure 12: Structure of the simulator. 

Commonly motion platforms of this type are used with 
either oil hydraulic or electric actuators. During the last 
ten years, water hydraulic control technology has been 
subject to an intensive research. The interest for an 
environmentally friendly technology with good 
controllability and high stiffness and force density has 
encouraged this development. The development of the 
water hydraulic motion platform combines water 
hydraulic research with the increasing interest of virtual 
technologies and virtual prototyping. 
The structure of the platform is a common Stewart 
platform with six water hydraulic cylinder actuators. 
The diameter of the bottom plate is 1.2 meters and the 
diameter of the top plate is 1.0 meters. Actuators are 
0.94 meters long on the shortest length. Distance 
between connection points is 0.16 meters and the mass 
of the top plate is about 100 kg without extra load.  
Figure 13 shows the working area and the coordinate 
system of the platform.  

Figure 13. Workspace and the coordinate system of the 
platform. 
The working area of the platform in X and Y direction 
is ±0,25 m and in Z direction ±0,2 m. The rotating 
angles are ±15 deg and ±25 deg as shown in figure 13. 
The platform is using low pressure proportional valves 
in the control of the platform. Due to characteristics of 
these valves, the performance of the platform is not as 
good as oil hydraulic one with servo valves. 
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xPC Target
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CONCLUSION

It can be concluded that the main challenges for wider 
usability of water hydraulics are reliability, 
controllability and price level – and at the same time. 
Reliability means that the components have to be able to 
work longer periods without service and without big 
risk for brake. It includes the control of water quality so 
that the components can operate with optimal pressure 
fluid quality. It also includes the development of 
components’ characteristics so that they are not 
sensitive for fluid quality, temperature, pressure peaks, 
cavitation, erosion and wear. And it also means having 
successful references, where water hydraulics is 
operation on demanding and long time tasks. 
Controllability means that overall ability of water 
hydraulics to realize more accurate and dynamic control 
systems have to be improved. This can be done by 
developing better control valves, control methods and 
actuators. At the moment, fairly accurate position 
control systems can be achieved with low pressure by 
using servo valves or digital hydraulic controls. 
However, more challenges are in higher pressures (over 
20 MPa), where the component supply is very limited. 
Also components and methods for realizing pressure 
controls are more needed in the future. 
The price level of water hydraulic components is 
certainly one big challenge. Low pressure water 
hydraulics is offering one possibility to achieve cheaper 
costs by using cheaper materials like polymers. 
However, in general the biggest factors are more 
expensive materials and small production amounts. 
Even the components and systems are technically 
perfect, the price level still affects strongly to machine 
builders choices. Therefore increasing production 
amounts along with increasing practical applications, 
will slowly lead to decreasing price level of the 
components. And it is important that the machine 
builders remember always consider total costs for the 
whole system life cycle including purchase, use, 
disposal and fluid itself. In addition societal aspects like 
laws, environmental taxes, insurance costs etc. may also 
decrease water hydraulics’ relative price level in fluid 
power market. 
As a conclusion it can be stated that at present water 
hydraulics already have many possibilities for building 
motion control systems and in the future there will be 
even more, when technical level is still increasing. The 
major benefits – environmental friendliness and fire 
safety – are strong drivers for water hydraulics’ future 
development.  
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ABSTRACT 

Bosch Rexroth (BR) is worldwide player in hydraulics. And we are approaching each country to meet with local 
requirements. Japan is one of our target markets. Bosch Rexroth Corporation (BR-Japan) is strong position in Japan for 
mobile applications. In parallel, industrial is also our important profitable market. This paper presents BR and BR-Japan 
activities in industrial application, especially steel, press, test machine, marine, power generation. Additionally new 
products and system are introduced. 
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COMPANY  INTRODUCTION 

Bosch Rexroth AG looks back across 200 years of 
tradition and has always successfully mastered its 
current challenges. Thus the company is among the 
oldest companies active worldwide. Bosch Rexroth sees 
in this the obligation to continue this history of success 
with innovations and customer orientation. 
With approximately 33,000 employees, Bosch Rexroth 

AG earns approximately 5.5 billion Euros in revenue. 
For years, the company has been growing at 
above-market rates in Asia and Eastern Europe, and in 
the traditional industrial markets it has been gaining 
market share. For many years, the quotas for research & 
development and investments have been above the 
industry average and they have laid the foundation for 
further profitable growth.  
As a global player, Bosch Rexroth is represented on 

location in more than 80 countries with production 
locations, sales and service offices, and dealers. In a 
worldwide manufacturing network, the control concept 
proved at Bosch guarantees reproducibly-high quality 

with local content. From an organizational standpoint 
and in its business processes, Bosch Rexroth combines 
user experience with expertise on location. 67 
production locations in 25 countries, own sales and 
service in 39 countries 
Rexroth brand combines a broad product portfolio that 

includes all essential drive and control technologies, 
from individual components through to system solutions, 
and the ability on this basis to offer integrated 
automation solutions with superior functions. In both 
individual technologies and for multi-technology 
solutions, Bosch Rexroth combines best-in-class 
products with extensive consulting expertise. Here 
Bosch Rexroth combines technological and economic 
benefits for the customer: supply from one source 
reduces interface costs and simplifies the customer's 
processes from project planning to purchasing, logistics, 
and start-up through to service. This reduces costs 
across the entire lifecycle. Bosch Rexroth is the 
technology and market leader for Drive & Control.  
Bosch Rexroth offers automation solutions for 

industrial and factory automation, mobile applications, 
and individual projects (platform technology, steel 
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construction for hydraulic engineering, entertainment, 
offshore, etc.). Thus Bosch Rexroth is active in 
worldwide growth markets with high innovation 
potential. For its approximately 500,000 customers, 
Rexroth develops and produces standard components 
with high configurability and variance as well as 
complete system solutions with extensive software 
expertise 

COMPANY  PRODUCTS 

Bosch Rexroth's product range covers the entire 
spectrum of motion technology: hydraulics, electrics, 
pneumatics in conjunction with mechanics and the 
associated control technology. Only the specialist 
Rexroth offers all drive & control technologies and 
integrates them into complete automation solutions.  

INNOVATIVE  PRODUCTS

Technology 

For Bosch Rexroth, technology leadership in 
automation means shifting the boundaries of the 
technically-possible so that the user can be more 
productive. Best-in-class components form the basis. 
But the full customer benefit lies only in the 
combination of application experience and the modular 
design of the Bosch Rexroth automation system. 
Electrohydraulics in new dimensions are field 
bus-capable, highly-dynamic, and positioned with µm 
precision. Electropneumatics combine digital regulation 
technology with robust mechanical technologies. 
Integrated measuring systems and the ready-to-connect, 
pre-configured Cartesian motion system show how 

much progress mechatronics has made. The open 
controls combine an extremely high motion quality 
consistently with an open SPS for scalable motion-logic 
integrations.   

Figure 2  Innovative products 
1) Digital regulation electronics with NC functionality 
HNC 100 2X 
2) Roll rail guide with integrated measuring system  
3) Electropneumatic pressure regulation valves 
4) Bosch Rexroth IndraMotion with integrated motion 
control and SPS 

Figure1  BR products 
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Openness 

Bosch Rexroth drive and control technology 
consistently supports open interfaces that are defined in 
international standards. 
Both for application programming according to 
IEC61131-3 and for communication between control 
and drives via SERCOS, international standards are 
used. 
Bosch Rexroth also continues this openness during the 
introduction of Ethernet-based communication in 
industrial automation with SERCOSIII according to 
IEC62410. 
This allows easy incorporation into the end customer's 
IT systems as well as the hard real-time communication 
between controls and drives. 

Figure 3  Digital controller with open interface 

Industrial hydraulics: the key products 

1) Pumps and motors 

Axial pistons, interior gears, exterior gears, radial 
pistons, tendon cells, etc. Pump combinations and 
compact units (finished components) 
2) Cylinders 

Tie-rod cylinders, round cylinders, servo cylinders with 
hydrostatic bearings and special cylinders. Up to 45 m 
in length user-related systems for many industries 
3) Compact hydraulics 

Magnetically-operated globe valve and slide damper, 
proportional valve with customized electronics, block 
models in aluminum or steel blocks 
4) Industrial controls 

Control valves, continuous valves, control electronics, 
control and regulation systems as well as valve plates 
Product and system technology. Solutions for every 
conceivable use case 
5) Assemblies and accessories 

Small assemblies, customer-specific assemblies, and 
large assemblies for nearly all applications  
6) Gears, pitch and azimuth drives for wind energy 

installations 

Generator gears for systems with output ratings from 

660 to 5,000 kW, plus pitch and azimuth gears.  

Figure 4  Hydraulics, Industrial application 

SUCCESS PROJECT IN THE MARKET

Dubai Maritime City, Dubai 

Bosch Rexroth gives a new meaning to the term "ships 
of the desert". Since April 2007, an automation project 
in Dubai, planned and supplied by Bosch Rexroth, has 
been hoisting oceangoing ships weighting up to 3,000 
tons from the sea and transporting them overland to the 
maintenance and repair docks. Construction work has 
already begun on a second ship lift for even larger ships 
measuring up to 130 meters in length and weighing up 
to 6,000 tons. 
Fourteen electric winches work in the first lift. Working 
in unison, they raise a platform under the ships at a rate 
of 30 cm/min. Within 40 minutes, the raising process is 
completed and a powerful wheel tractor with hydrostatic 
drive then pulls the ships over a rail transfer system to a 
dry dock.  

Figure 5  Ship maintenance and repair docks 
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Bosch Rexroth won the contract for the two automation 
projects in a global bid for tenders with a tailor-made 
concept, and accepted responsibility as prime contractor 
for the complete process of project planning, supply and 
commissioning. The climatic conditions encountered in 
Dubai placed extreme demands on the technology. 
Burning sun and temperatures up to 50 degrees Celsius, 
sandstorms and very high humidity. 
For the 14 winches in the first ship lift, Bosch Rexroth 
employed IndraDrive frequency converters with a 
maximum current draw of 210 amperes. In Dubai, they 
work with a torque of 150 Nm and still have power 
reserves. The maintenance-free asynchronous 
servomotors have a very high power density. Two 
redundant brakes, a holding brake integrated into the 
motor and a brake on the winch are each capable of 
securely holding the maximum weight, enhancing 
operating safety. The second ship lift will use a total of 
28 winches to raise ships weighing up to 6,000 tons.  
Rexroth's Linux-based control system with its 
tailor-made user interface synchronizes the drives with 
extreme precision. The maximum deviation between 
any two winches is less than 0.1 mm, an important 
condition for preventing the ships from slipping. Before 
the start of operations, the automation solution 
technically approved by a Lloyd s certification in 
accordance with the internationally accepted rules and 
regulations of Lloyd s Register, EMEA.  

The Three Gorges Dam, China 

Behind these lock gates there is a man-made reservoir, 
663 kilometers in length. The Three Gorges Dam in 
China, in the central section of the Yangtze River, 
exceeds all normal dimensions. As the world's largest 
water engineering project, it generates 88,700 gigawatts 
of current, effectively reducing CO2 emissions by 100 
million tons per year. The surface of the reservoir is 
twice as large as that of Lake Constance. 
On the left flank of the 2,310 meter long dam, two 
separate waterways bridge the height difference of up to 
101 meters in a series of five locks. The lock chambers, 
208 meters long and 34 meters wide, are capable of 
taking ships weighing up to 10,000 tons.  
Rexroth planned the drive and control technology for 
the lock gates at the top of the locks on the reservoir  

Figure 6  Dam gate 

side. These are especially critical when it comes to 
safety. While the bottom gates only ever have to hold 
back the water in the chamber, the top gates have to 
reliably hold back the whole reservoir. Rexroth designed 
the drive cylinders for the gates with a 
corrosion-resistant steel structure. The CERAMAX 
coating reliably protects the piston rods against wear 
and corrosion for their entire service life.  
All around the world, Bosch Rexroth has supplied 
automation for more than 200 locks and is unrivaled in 
its expertise in this field. This was impressively 
demonstrated by the commissioning of the Three 
Gorges Dam. The Drive and Control solution 
immediately worked with a maximum of reliability.  

Airbus A380, France, Spain, UK, Germany 

Size does matter! The Airbus A380, capable of carrying 
555 passengers, is the world's largest passenger plane, 
and even on the ground it challenges for new records. 
France's TLD developed the TPX 500 S aircraft tractor 
with a Rexroth hydraulic power unit specifically for the 
flying giant. 
The tractor has no towbar, which makes the job of 
coupling the aircraft to the tractor vastly easier. The 
vehicle has a U-shaped tail end. It reverses up to the 
nose landing gear of the A380 and encloses the front 
wheel. Hatches then lock into the framework of the 
front landing gear. The push blade then moves forward 
and fixes the wheels to the hatches. The towing tractor 
then lifts the nose landing gear - and as such the aircraft 
itself - to transport it. Even though Airbus engineers 
limited the weight of the new giant aircraft to a fully 
laden 600 tons, that is still some 50 percent more than 
today's long-haul aircraft.  
In contrast to working with a towbar, the TPX 500 S can 
be operated by just a single person. The driver has a 
direct view of the aircraft's landing gear. Complex 
maneuvering with heavy towbars and couplings, always 
prone to accidents, is now completely redundant. With 
this "piggyback" technique, TLD has simplified and 
accelerated the whole process considerably. Moreover, 
the locking mechanism on the TPX 500 S has absolutely 
no play, protecting the nose landing gear and allowing it 
to assume all transport tasks. This innovative solution 
guarantees considerably smoother acceleration and  

Figure 7  Airbus A380 
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braking maneuvers. This is appreciated by both the 
landing gear and the passengers.  
In order to make the towbar-less aircraft tractor 
powerful enough for the A 380, TLD worked in close 
cooperation with Rexroth on the development and 
design of the hydraulic power unit. The hydraulic power 
unit reliably supplies the required power for the 600-ton 
giant by means of two axial piston double pumps and 
two axial piston variable displacement motors with a 
power rating of 583 kW. In addition, Rexroth also 
reduced the number of lifting cylinders. This allows the 
TPX 500 S to fulfill the constantly increasing demands 
of end users with regard to improved reliability and 
longer service life. Together with Rexroth specialists 
from France, TLD completed the development in less 
than 12 months from the start of the project to the first 
delivery.    

Great Beijing Wheel, China 

In China's capital city, a new ferris wheel will break all 
world records in 2008/2009. Up to 5,760 passengers per 
hour will be able to enjoy the view across Beijing from 
the 200 meter high glass cabins. The control and drive 
solutions were planned and supplied by Rexroth. As the 
exclusive partner for the operator, the Great Wheel 
Corporation, Rexroth has thus developed the blueprint 
for many more ferris wheels.  
The Great Beijing Wheel has a total height of 208 
meters. The diameter of the wheel is 198 meters. The 
drive hydraulics comprise four drive units, each with 
two double redundant motor/pump combinations. Each 
drive unit supplies a drive module, each with 8 
hydraulic motors. A total of 32 special wheels press 
against the running surface on the ferris wheel. In 
addition, the hydraulics regulate the pressure of the 
wheels via variable cylinders. In rain and humid 
conditions, the cylinders increase the pressure to 
compensate for any slip of the wheels against the 
running wheel. Here, the force regulation system and 
the absolute measuring system integrated in the 
cylinders (CIMS) work together.  
Besides the primary drive system, Rexroth also planned 
the fully automated boarding system that enables the 
passengers to board and disembark without the ferris 
wheel having to stop moving. Driverless electric feeder 
vehicles at the ground station move alongside the cabins. 
At the starting point, the doors open and within the 
space of 40 seconds, the passengers get out on the one 
side and after a short delay the new passengers get in on 
the other side. The higher-order control system 
synchronizes the feeder vehicles (which are driven by 
Rexroth's IndraDrive frequency converters) with the 
cabins. 
In addition to the project planning, delivery and 
commissioning of the control and drive technology, 
Rexroth is also responsible for the entire maintenance of 
the ferris wheel. Here, Bosch Rexroth is basing its work 

on the processes employed in the aerospace industry. 
After 16 hours of operation, the maintenance staff have 
8 hours to perform all maintenance operations. Here, the 
visual inspection of the construction elements of the 
ferris wheel is a major operation.  

Figure 8  Great Wheel in Beijing 

Bolshoi Theater, Moscow 

The largest single contract in the history of Bosch 
Rexroth is associated with one of the most famous 
stages in the world. Rexroth is the general contractor 
modernizing the complete stage technology, including 
the steel structures, of the Bolshoi Theater in Moscow, a 
UNESCO-listed site.  
Only the very latest in stage technology will be used. 
The hydraulic pressure station, with a capacity of 
50,000 liters and an output rating of 700 kW for the 
understage machinery, is able to move 7 giant stage 
podiums at once  a solution found nowhere else on 
Earth. For the overstage machinery that moves the 
complete set, Bosch Rexroth is installing 72 
electromechanical winches as stage suspension barrels 
and 81 electromechanical winches as point hoists. Each 
winch has a capacity of 1,000 kg. Numerous other 
drives move the curtain, the lighting bridges, 
microphones and take on the many minor tasks that are 
necessary for the perfect performance. All drives and 
motors work extremely quietly so as not to disturb the 
artistic enjoyment.  
Safe operation of all the technical equipment on the 
stage is provided by the Rexroth SYB 2000 stage 
control system, which has proven itself to be extremely 
reliable and easy to operate in many of the world's opera 
houses. In addition, Rexroth supplies all the audio and 
video equipment - from the microphones to the  

Figure 9  Bolshoi 
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complete television studio, and is responsible for the 
renovation work is scheduled to be completed in 2008. 
entire steel construction needed for the equipment. And 
then the Bolshoi will unite tradition with the latest 
technology.  

Environmental friendly application 

For worldwide environmental friendly technologies, 
Bosch Rexroth also support for these application.  
One of typical application is Wind energy. Bosch 

Rexroth makes wind turbines more efficient – thanks 
particularly to the technological advantages on 
hydraulics in terms of high power density in limited 
space, low-maintenance and rugged design and, not 
least, outstanding controllability. Bosch Rexroth offers 
Pitch control, drive train brake, yaw system and 
subassemblies of power units, motor-pump group, 
accumulators and filter and cooler. 
Another technology is marine two cycle diesel engine 

control system. Marine application also should consider 
exhaust emission control and low consumption. One of 
the solution is electro-controlled engine by controlling 
of the fuel injection profile and exhaust valve lift. Bosch 
Rexroth can offer the electro-hydraulic control system 
for this kind of technology.  

Figure 10  Wind power 

Figure 11  Marine engine 

CONCLUSION

The Rexroth Automation System integrates hydraulic, 
electric, and pneumatic drive technology, scalable 
control technology, and high-performance engineering 
tools by Bosch Rexroth into an automation system. This 
reduces significantly the integration effort in our 
customers' systems and enables our customers to use the 
optimal drive and control technology for the process. 
In addition, Bosch Rexroth products support all relevant 
communication systems for industrial automation 
worldwide, which enables the easy integration of Bosch 
Rexroth products into the systems of machine 
manufacturers in the triad. 
We believe with best-in-class components and their easy 
but high-performance integration into our customers' 
machines and systems, Bosch Rexroth can offers the 
best solution in terms of both function and economy. 
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ABSTRACT 

The Hanshin-Awaji Earthquake (January 17,1995) clearly demonstrated that the occurrence of very strong ground 
motion in the area near to the seismic faults is capable of causing severe structural damage beyond general estimation.  
It has emphasized the importance of earthquake engineering research into why and how structures collapse in real 
earthquake conditions.  Considering the lessons learnt from recent earthquake disasters, National Research Institute for 
Earth Science and Disaster prevention (NIED) plan to construct the 3-D Full-Scale Earthquake Testing Facility 
(E-Defense is the nickname of this facility), which will be able to simulate the process of destruction of structures under 
the condition of real strong earthquake motions.  The basic performances of E-Defense are maximum lording capacity 
1,200 tons, maximum velocity 200 cm/s and maximum displacement 2 m p-p for two horizontal excitations and 
maximum velocity 70 cm/s, maximum displacement 1 m p-p for vertical excitation to realize destructive ground motion.  
The driving energies are mainly produced by the hydraulic power system, which is consisted 10 horizontal actuators, 14 
vertical actuators, 20 main-accumulator units, 4 gas-engine units, oil supply system (include piping system) and others.  
The construction has begun at early 2000, five year after the Hanshin-Awaji Earthquake and was completed at the 
beginning 2005, ten year after that Earthquake.

KEY WORDS  

Hanshin-Awaji Earthquake, 3-D Shaking Table, Structural Failure Mechanism 
Hydraulic Power Supply System, Experimental Research 

INTRODUCTION 

The Hanshin-Awaji Earthquake (Hyogoken-Nanbu 
Earthquake, January 17, 1995) clearly demonstrated that 
the occurrence of very strong ground motion in the area 
near to the seismic fault is capable of causing severe 
structural damage beyond general estimation. The 
destructive earthquake occurred in the worldwide in the 
recent years.  
In order to reduce the hazards associated with large 
earthquakes, it is essential to improve the reliability of 

earthquake resistance estimations and reinforcement 
methods in the construction of urban and major 
structures. For this purpose, failure mechanisms and 
collapse processes of various kinds of full-scale 
structures must be investigated. Many types of 
experimental apparatus have been used for such 
investigations, and some of them as large size as 
possible to alleviate any difficulties arising from 
limitation of the model. Considering the lessons learnt 
from recent earthquake disasters, the National Research 
Institute for Earth Science and Disaster Prevention 
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(NIED) planned to construct a new three-dimensional, 
full-scale, earthquake testing facility, which can carry 
large-size soil and structure models and reproduce the 
processes of structural failure. This facility is expected 
to become a powerful tool for international 
collaboration in earthquake engineering research. It also 
requires international cooperation to successfully 
complete the facility and to use it effectively for 
engineering purposes. 
The construction of facility has begun at early 2000, 
five year after the Hanshin-Awaji Earthquake and was 
completed at the beginning 2005, ten year after that 
Earthquake.

E-DEFENSE (3-D FULL-SCALE EARTHQUAKE 
TESTING FACILITY) 

Based on the lessons learnt from Hanshin-Awaji 
earthquake, the Minister of State for Science and 
Technology was inquired to the Council for Aeronautics, 
Electronics and Other Advanced Technology, which is 
the one inquire organization of the Minister, for the 
discussion of the effective arrangement or research 
bases for earthquake disaster mitigation at March 29, 
1996. The Council was reported to the Minister at 
September 3, 1997. 
The report clearly pointed out the arrangement of 
large-scale three-dimensional earthquake simulator 
facility as the core facility of research bases for 
earthquake disaster mitigation. 
NIED initiated the project on the large-scale 
three-dimensional earthquake simulator facility just 
after the occurrence of Hanshin-Awaji earthquake. The 
research and development for core technology for this 
facility (E-Defense) was started on 1995. The 
fundamental concepts of this project were based on the 
report by the Council. 
The E-Defense was constructed as the core facility of 
the research bases for earthquake disaster mitigation. 
Therefore, we need to clear the positions of the 
E-Defense.  
1) Position of earthquake simulator for the main element 

of the “Time-Space Domain Simulation System for 
Earthquake Disaster”. 

2) Position of the clearly understanding of failure 
mechanism of structures.  

3) Position of response mechanism for the request from 
major subject of earthquake engineering. 

The importance of promoting the strengthening and 
rationalization of earthquake-proof structural design is 
just one of the lessons from Hanshin-Awaji earthquake. 
Because earthquake vibrations involve 
three-dimensional movement, it is necessary to set up a 
three-dimensional earthquake simulator facility to 
accurately reproduce earthquake motions. To perform 
tests on real-size objects or large-scale models of test 
structures and foundations, it is desirable to have the 

large-scale three-dimensional shaking table. If 
large-scale 3-dimensional shaking table is available, 
tests could be performed to shed new light on the 
mechanism of dynamic failure using real-size structures. 
If a stage reached whereby design based on such 
discovery can be performed, this will contribute 
immensely to reducing earthquake disasters. 
The main specification of E-Defense is shown in Table 
1. The limit performance for horizontal and vertical axes 
is shown in Fig. 1. The basic performances of 
E-Defense are maximum lording capacity 1,200 tons, 
maximum velocity 200 cm/s and maximum 
displacement 2 m p-p for two horizontal excitations and 
maximum velocity 70 cm/s, maximum displacement 1 
m p-p for vertical excitation to realize destructive 
ground motion. 

Table 1 Main Specification of E-Defense 

Fig. 1 Limit Performance of E-Defense 

CONSTRUCTION AND MANUFACTURING OF 
E-DEFENSE 

NIED have commenced the development work of 
shaking mechanism with very large size hydraulic 
actuators in fiscal year 1995 and completed 
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performance tests successfully in 1998. Following 
above technical development and surveys in earthquake 
engineering and related fields, NIED have began the 
design and construction of E-Defense in 1998. 
Fig. 2 shows the drawing bird eye view of E-Defense. 

Fig. 2 Layout of E-Defense 

We were constructed several buildings, such as 
laboratory building, measurement and control building, 
hydraulic oil unit building, preparation building and so 
on. The 3-dimensional shaking table was installed in the 
laboratory building. Hydraulic oil will be supplied to 
shaking table by oil pipelines via underground culvert. 
The reaction foundation (shaking table foundation) has 
weight of about 2 GN (200,000 tonf) and set to the 
bedrock directly. 
Following the construction of shaking table foundation, 
we constructed the laboratory building and other 
buildings. The laboratory building is 60 m X 85 m in 
plan and 45 m height and has two sets of 400 tons crane. 
For the construction of large space frame, we developed 
and applied new construction methods, such as the 
sliding construction method for roof members using 
permanent traveling crane structure, and the large panel 
method of external wall by steel frame and sandwiches 
panel. 
The construction work has begun in 1998 and 
completed at the beginning of 2005. The E-Defense is 
constructed in “Miki Earthquake Disaster Memorial 
Park”, which is being constructed in Miki city, on the 
north of Kobe city. 
The manufacturing of the testing equipment, such as 
actuators, 3-D link joint, oil power pump unit, 
accumulator unit and so on, were also started in 1998. 
By the condition of construction site, where is located at 
the hill area, the weight and length of manufactured unit 
are limited some size by the condition of transportation. 
The set-up working will be done at the site. 

HYDRAULIC POWER SUPPLY SYSTEM 

The greater part of experimental equipment of 
E-Defense were composed by the hydraulic power 

supply system, such as shaking table, actuators 
(including servo-valves), 3-D link joint, oil piping,  
accumulator unit, main oil pressure pump unit, oil tank, 
oil filter and so on. We also installed the control system, 
measurement system and others. Here, we described the 
outline of hydraulic power supply system. The 
specifications of hydraulic power supply system were 
mentioned each equipments for the far side from 
shaking table. Fig. 3 shows the outline drawing of 
hydraulic power supply system. 

Fig. 3 Outline of Hydraulic Power Supply System 

Oil Tank 
Storage capacity 205 kL (This amount is only 30 % of 
total oil storage amount (750 kL). Remaining amount of 
oil was storage in the oil piping.) 

Oil Piping 
The total length and total weight of oil piping were 13 
km and 1,200 ton, respectively. The maximum diameter 
of high pressure oil piping and low pressure oil piping 
were 350A and 1000A, respectively. By the advantage 
of flushing work of pipe inside, we used the non-welded 
flange method for the connection of these piping, which 
is consisted by the groove, retain ring and seal ring. 

Main Oil Pressure Pump Unit 
We installed 4 units of gas engine of 4000 Hp for the 
power-driven machinery of main oil pressure pump unit. 
These gas engines are derived 48 units of oil pressure 
pump and can generated 30,000 L/min (oil pressure: 
20.6 MPa) of pressured oil. The reason of selection of 
gas engine was the consideration of environmental 
problem. We use the natural gas for minimize the 
nitrogen oxide and other noxious gas in exhaust fumes. 

Accumulator Unit 
This unit serve for the temporally storage of pressured 
oil. We installed 20 units, which storage capacity of 
each unit is 1,000 L, total capacity is 20,000 L. These 
20,000 L of high pressured oil and oil from main oil 
pressure pump were combined and supplied to actuators 
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by the maximum flow late of 4,000 L/s. 

Actuators 
We installed 10 actuators for horizontal directions (5 
actuators for X and Y axes, respectively) and 14 
actuators for vertical direction. Each actuator has the 
driving force of 4,410 kN (450 tonf) and is derived by 
the electro-hydraulic servo control system. The 
maximum velocity 200 cm/s and maximum 
displacement 2 m p-p for tow horizontal excitations and 
maximum velocity 70 cm/s and maximum displacement 
1 m p-p for vertical excitation to realize destructive 
ground motion by these actuators. The actuators were 
installed between the 3-D link joint and the shaking 
table foundation. 

Servo Valves 
The actuator was installed servo valve(s) for the control 
of the exciting movement. The maximum flow late of 
servo valve is 15,000 L/s. Each horizontal actuator has 3 
units of servo valve (total maximum flow late: 45,000 
L/s). Each vertical actuator has 1 unit of servo valve. 

3-D Link Joint 
Each 3-D link joint was installed between the shaking 
table and each actuator. The actuator should be move 
only on axial direction. The shaking table will be driven 
three-dimensional movement, therefore, we need to 
install the 3-D link joint.  

Shaking Table 
The size of shaking table is 20 m X 15 m X 5.5 m and 
the weight of itself is 775 tonf. It is impossible to 
transport such huge and heavy shaking table from the 
factory to construction site. Then, we made 32 blocks at 
the factory and transported them to the site. Next, we 
were conducted the assembling work at the site. Finally, 
the assembled shaking table was set in the pit by using 
the 2 sets of 400 tons crane.  

CONCLUDING REMARKS 

Based on the lessons learnt from Hanshin-Awaji 
earthquake, we, NIED, recognized to need more 
research to understand the failure mechanism of 
different kind of structures during earthquake. For this 
research needs, we conducted the construction project of 
E-Defense (3-D Full-Scale Earthquake Testing Facility) 
and completed on the beginning of 2005, just 10 years 
after the earthquake. 
We already started the several research projects. 
Ministry of Education, Culture, Sport, Science and 
Technology (MEXT) was established the 5-year special 
project on “Seismic Hazard Mitigation in Megalopolis 
areas” in the fall of 2002. We started to the research 
program under this special project, which are (1) 
Experimental study on Reinforced Concrete Structures, 

(2) Experimental study on Liquefaction of Ground, (3) 
Experimental study on Wooden Structures and others. 
The large-scale model experiments for these 3 topics 
were conducted in 2005 and 2006. 
In September 2006 NEES/ E-Defense meeting in Kyoto 
and Kobe built upon groundwork laid for collaboration. 
NEES is the special project for earthquake engineering 
sponsored by the US National Science Foundation 
(NSF). More than 100 attendees discussed the 
capabilities of NEES and E-Defense facilities in a 
program overview, and spoke of collaborative research 
in the area of steel buildings, bridge structures, wood 
structures, geotechnical study, and concluded the 
establishment of NEES/E-Defense Research 
Partnership. 
We strongly hope that this tool is contributed to the 
dramatic progress of the earthquake engineering 
research, especially the understanding of structural 
failure mechanism, the progress of earthquake resistant 
design of structures and the evaluation/reevaluation of 
structural performance during earthquake, by the 
coordination and collaboration research works in the 
worldwide bases. 
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ABSTRACT 

Recently developed construction machinery continues to advance from machines only capable of performing a stated 
task or function to machinery that provides automatic feedback regarding where and how the equipment is being used 
and the unit’s current status. A number of such construction machines equipped with optional computerized construction 
features have even proved capable of interpreting construction designs and automatically regulating tools such as 
bulldozer blades. These new developments have led to conventional approaches to construction - such as continually 
interrupting operations in order to take measurements and check the project’s finished status - no longer being necessary, 
thereby allowing for extremely effective and streamlined operations. In this study I will present specific examples of the 
application of this information technology to construction machinery and consider how such construction machinery 
will continue to advance.   

KEY WORDS  
Asset management, Remote operation, RTK-GPS, 3D-MC, Autonomous Haulage Sytstem 

Use of IT in Construction and Mining Machinery 

As shown in Figure 1., the increasing use of IT in 
construction and mining equipment can be viewed in 
terms of adding IT as part of electronic control of such 
machinery, and use of IT in support of this machinery or 
in aiding users’ operating activities. Use of a core IT 
infrastructure allows for overall control to be brought to 
bear by working in close coordination, thereby differing 
markedly from conventional machines whose function 
is limited by only having access to onboard installed 
equipment. This paper will introduce a monitoring 
function that uses the internet and mobile 
communications, as well as mining and construction 
machinery that combine computerization and high 
accuracy GPS systems with automatic control functions. 
Due to these intelligent mining and construction 
machines operating in response to electronic signals and 
construction designs, they can even be referred to as 
robots in a broad sense of the meaning.    Figure 1 Use of IT in Construction and Mining 

Machinery

Fleet Management(DISPATCH) 
Supervisory System(AHS) 

KOMTRAX Rental

IT for Customer Operation

   Infrastructure for IT

Intelligent and Automatic 
Mechatronics 

Information terminal 
KOMTRAX/VHMS 

VHMS/WebCARE 
KOMTRAX Service

Intelligence and IT on Equipment

IT utilization on Komatsu Equipment and Service

IT for Service and Support

35

Proceedings of the 7th JFPS International
Symposium on Fluid Power, TOYAMA 2008

September 15-18, 2008K-5

Copyright © 2008 by JFPS, ISBN 4-931070-07-X



Remote Operating Control of Mining and 
Construction Machinery  

Testing aimed at transmitting data regarding status and 
position of mining machinery equipped with onboard 
GPS and communication devices has been ongoing for 
several years now. In 1990 the U.S. company, Modular 
Mining Systems, successfully remotely operated a large 
capacity dump truck and loader within a mine from the 
company’s offices using a computer and wireless LAN 
transmission system, with the computer sending 
optimized dispatch orders that were reflected on the 
truck’s onboard monitoring screen with the operator 
being able to track the machine’s status by viewing the 
data being transmitted back to the office’s computer. 
Despite this success, however, as the use of construction 
machinery differs from that of mining machinery - such 
as the unrestricted nature of operating location - this 
means control by wireless LAN is an unrealistic option 
for the construction industry. This therefore required the 
development of a system with the ability to transmit 
wireless data at low cost while being capable of 
covering an extensive area. 

As the use of mobile phones continued to expand, this 
heightened expectations for the development of such a 
data transmission service, leading to the drawing up of 
an initial concept for this system. At the time in 1995, 
however, in considering the high cost of mobile phones, 
usage fees, and poor coverage rate in areas of low 
population, it was decided that their use would be overly 
prohibitive, therefore requiring the adoption of an 
alternative service.  

1999 saw the launch of a satellite-based data 
transmission service from ORBCOMM, and this was 
subsequently tested as part of an equipment monitoring 
system for construction machinery by Komatsu - 
marking the start of development of the KOMTRAX 
system. This study will introduce the KOMTRAX 
system and subsequent development of construction 
machinery that utilize the system.  

Radio Controlled Unmanned Construction  

Radio control is one of the earliest attempts to integrate 
information and communication technology with 
operation of construction machinery. In 1992 a high 
accuracy GPS and radio control device were integrated 
as part of an unmanned construction system used to 
prevent the spread of the Unzen-Fugen Dake eruption, 
with all operations being performed using radio 
controlled machinery. Figure 2 shows the remote 
operation control room used in this work. One of the 
challenges involved in using this system, however, was 

that remote operation was relatively inefficient in 
comparison to operation using onboard systems 
installed on the machines themselves. Of the technical 
proposals floated as potential solutions to this problem, 
use of an economical video transmission system capable 
of sending high-resolution real time images from a wide 
spectrum of machinery, or automatization of 
radio-controlled finishing operations were both viewed 
favorably. As described below, the integration of the 
computerized construction system using high accuracy 
GPS was an integral part of this development.     

Figure 2 Remote Operation Control Room 

Computerized Construction 

This area of operations also has a history of use 
stretching back decades, with a blade control system 
consisting of a laser emitter and receiver being used to 
ensure a finished horizontal surface in rice field 
construction dating from the 1970s. From 2000, the 
increasing use of high accuracy GPS together with a 
system known as 3D-MC that takes advantage of 3D 
geometry to automatically finish a project in line with 
the original design, meant that this marked the start of 
the spread of full-scale IT construction in civil 
engineering work. The installation of onboard high 
accuracy GPS on machines has allowed for easier 
operation and their use has continued to attract attention 
in recent years. 

Improved Functionality of Construction Equipment 
(Computerization / Automatization)

Date Details

1970: Realization of bulldozer blade control using revolving laser

1990 : Recovery construction work in area affected by Unzen-Fugen Dake 
eruption using independently operated dump trucks, radio controlled bulldozer, 
and radio controlled excavator 

1995 : Use of computerization technology in large scale mining operations  

2000 : Use of computerization technology and automatization in  
civil engineering work
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Equipment (Construction Machinery) Monitoring 
System 

As shown in Figure 1., while construction equipment 
continues to advance intelligently through the use of 
technology such as mechatronics in developing 
independent products that are part of technical 
development, products that include services using new 
IT have become essential to any infrastructure, with the 
intended use of these being support and operations, 
meaning that providing information through mediums 
such as mobile wireless communication and internet are 
key. To apply this fast evolving technology to long-life 
machinery requires work on this product development. 
This will also require joint development between 
manufacturers with little knowledge of content 
development and long-term management by users.    

System Overview  

Komatsu refers to its equipment control system for 
construction machinery as KOMTRAX, and beginning 
in 2001 we launched this as a regional standard in the 
Japanese market as we planned for its gradual rollout. 
From 2004 the system was released as standard in China, 
and then in North America and Europe from 2005. 
Models in line to receive this system installation 
continued to expand, and by 2008 KOMTRAX had 
come to be installed in almost all Komatsu construction 
machines.
Calculating net growth of these new units by subtracting 
newly registered machines, gives an estimated net figure 
of 300,000 units expected to be in operation by 2010. 
Figure 3 shows an overview of this system.  

Figure 3 Overview of KOMTRAX System 

Case Study Using the System 

Using KOMTRAX allows information to be provided 
not only to the end user, but also to the sales and service 
outlet and other points, including the manufacturer.  
Table 1 shows the main menu used for providing 
information with KOMTRAX. 

Key Information Web Display, Report,  
 Mail Forwarding Service 

Service meter Daily/Accumulated  
operating time 

Equipment location Current location;  
previous movement history 

Operating history Date / Operating Map  
Operating Time 
Daily log; equipment and 
operator monitoring 

Error / Caution Early warning of any 
abnormalities  

Operating time Analysis of work content 
Fuel consumption 
rate Provides fuel efficiency report 
Handling Monitors operating load  

(handling) 
Remaining fuel  

Daily display of  

remaining fuel 
Radiator temperature Displays  

radiator temperature 

Table 1 Information Supplied by KOMTRAX 

Use by End-Users

KOMTRAX’s benefits to businesses with a large 
number of machines include daily collation and 
monitoring of operating performance information, 
allowing for optimal allocation of machines for 
improved efficiency in busy workplaces. Other benefits 
include control of planned maintenance - leading to 
lowered maintenance costs - and improving operator 
performance by monitoring operating costs for each 
operator. Anti-theft function and tracking function also 
come as standard. 

Use by Sales and Service Outlets 

Advantages for businesses who have installed 
KOMTRAX in service vehicles include the ability to 
integrate control of onsite repair personnel and 
construction machines. This also allows for effective 
planned servicing, with KOMTRAX receiving praise 
for ensuring a speedy and accurate response for dealing 
with emergency repair requests. 
Information that is sent via KOMTRAX - including 
operating site details, operating times, errors and 
caution information, fuel costs, and hydraulic pressure 
frequency - are combined to calculate load factor 

GPS

Web
KOMTRAX

GPS Satellite 
Communication  
satellite connection 

or 
Cellular phone  
connection 

Data Server 

Internet Application
Server 

Internet 

User Equipment

KOMTRAX System terminal  

GPS
antenna 

Communication
antenna 

Communication
modem Remote control system 

controller 

Pump controller 

Engine controller 

37 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



information for the machine. The system can also be 
used for machines that are sold under an installment 
plan to estimate return based on weekly or monthly 
operating time, and is useful for credit management 
purposes based on its ability to monitor any 
non-authorized resale.  

Use by Manufacturers 

This system’s use by Komatsu is highly anticipated as 
bringing wide benefits in areas such as marketing, 
servicing, development, and manufacturing. 
KOMTRAX can also be used in rational stock and 
production management for products and spare parts 
based on monitoring operating status by region and 
machine type. Another effective point is the ability to 
significantly improve the accuracy of information 
regarding its use for product planning and development.  

Computerized Construction System and Applicable 
Construction Machinery  

The increasing accuracy of high accuracy GPS and 
reduction in time required for surveying have resulted in 
some eye-catching devices, with the RTK-GPS being 
able to capture data in real time up to 2 cm level of 
accuracy. Due to space limitations the theory behind 
RTK-GPS measurements is omitted here, but using this 
GPS technology in surveying allows for both 
construction and measurements to be performed 
simultaneously, while eliminating the need to redo any 
finished construction and providing for construction 
being carried out in a rapid and accurate manner using 
computerized construction. This also allows for 
integration of a design and construction database, and 
due to its ability to plan for visualization of construction 
control, both mining and construction machinery are 
being developed in response to this.  

Overview of Mining System 

Due to the high cost of applying high accuracy GPS to 
construction machinery, the system was first installed in 
mining machinery as part of large-scale mining 
operations. The system’s use in mining machines is 
mainly focused on operator guidance. This is reflected 
in providing guidance for determining boring position 
for boring machines, monitoring earthwork quantity for 
bulldozers, regulating quality levels for loaders, and 
guidance for drilling sites for production control, when 
used in conjunction with mining control systems. Most 
mining control systems look to maximize allocation of 

vehicles used in mines such as coordinating multiple ore 
transport dump trucks and loaders to ensure optimal 
drilling and transport of material, so that the use of GPS 
allows computerized calculation of such vehicles’ 
position and speed - thereby sending programmed 
destinations to be displayed on the onboard display in 
each truck installed in the operator’s cabin. An overview 
of this system is shown in Figure 4.  

Figure 4 Computerized Construction System for Mining 

Overview of System for Use in Civil Engineering  

Following on from developments in the mining sector, 
from around 2000 an onboard GPS system debuted in 
construction machinery used in the civil engineering. 
Figure 5 provides an overview of this system. This was 
intended to be applied to use in construction and road 
building, and due to factors such as the automatic 
controlled blade requiring a more accurate GPS than 
that used in large scale mining operations, and need for 
integration with a 3D CAD system, this required some 
time before any commercial realization could be 
achieved.  

Starting in 2003, a blade control system incorporating 
high accuracy GPS began to rapidly spread across the 
U.S. in use in bulldozers and graders. The significant 
effect this development had on the efficiency of finished 
work led to a reduction in construction period and 
improved operating rates. Despite being an expensive 
system to operate, its use has continued to spread in 
popularity. In Japan, however, this system is relatively 
expensive compared to the U.S., and the small scale of 
construction projects that are ordered within Japan has 
resulted in only a small number of projects capable of 
using the system and a low annual operating time, 
which means the system’s depreciation cost is relatively 

Example of Using Computerization Technology in Large Scale Mining Operations 

Boring machines Large capacity dump trucks Large capacity loaders

Guidance for determining 
boring position and depth 

Real time monitoring of 
topsoil stripping and 

Real time monitoring of 
accurate drilling 

Reduced production costs 
Enhanced productivity 
Real time management
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high and it remains at an early stage of market 
penetration.  

Figure 5 Overview of Computerized Construction 
System for Construction Machines 

This section will provide an overview of the onboard 
installation of the system, using an example of its 
installation in a bulldozer. As shown in Figure 6., the 
GPS antenna - used to detect the horizontal and vertical 
position of the operating tool (the blade) - is directly 
attached to the blade through the pole. The reverse side 
of the blade has a tilt sensor attached to it, which detects 
the blade’s tilt angle.  

Figure 6 Computerized Construction System for 
Bulldozers 
Construction plan data consisting of data created using 

3D CAD is installed into the integrated control box 
consisting of the color indicator located in front of the 
operator’s seat and control unit using compact flash 
memory that is also used in digital photography. 
The control box color indicator constantly updates the 
display in real time of the machine’s current position on 
the construction plan display, and this has been 
constructed so that the operator can confirm the 
operating status of the machine at any time (refer to 
Figure 6). 

The control box can also be used to control the blade by 
comparing the actual position of the blade with the 
construction plan data in real time and manually 
operating and activating the valve.  

Figure 7 Insertion 

Future Trends and Issues 

One future direction for the development of mining and 
construction machinery lies in increasing robotization. 
Based on a combination of a computerized construction 
system and radio-controlled remote operating system, 
this will allow for future application of remote 
construction operating systems to mining machinery, in 
which integrated work can be performed from the 
comfort of a control room to direct drilling of mines and 
transport. Autonomous Haulage System in mining 
operations is already a reality, and there is a high 
possibility of drilling and material-handling operations 
in mine operations becoming a viable proposition in the 
near future. Areas that have to be overcome in order to 
make this a reality, however, include bringing effective 

Example of Application of Computerized and Automation Technology to Civil 
Engineering

Surveying Bulldozer Grader

Reduced man-hours and increased
speed using RTK-GPS survey

3D Construction using RTK-GPS survey

Improved  
operating efficiency

Enhanced construction efficiency 
Construction period reduced by 50% 

Construction accuracy improved by 30%

Control Box Tilt Sensor GPS Antenna 

GPS Box 

PPC/EPC Valve Figure 4. Construction Machine Onboard System

Figure 5. Example Control Screen
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real-time wireless image broadcasting technology online. 
Also, in order to enable remote or automatic operation 
of such systems, it is essential to use external 
confirmation sensors (laser, radar, vision system) and 
confirmation technology to ensure the safety of the 
surrounding area. However, manual operation will still 
be required following the introduction of such systems 
and machinery, such as for maintenance and repair work, 
meaning that the realization of an actual unmanned 
system faces a considerable number of hurdles to 
become reality. Figure 8 shows an idea for Autonomous 
Haulage System 

Figure 8 Autonomous Haulage System 
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ABSTRACT 

After second oil shock in 1978, fuel consumption cost has become an important evaluation factor for construction 
machinery, many improvements have been made to increase machine efficiency[1]. Recent year, as the Kyoto Protocol 
get effective, further effort on fuel consumption cut or CO2 cut is required for all machine makers.  As the success of 
the hybrid system in automobile, construction machinery makers also put a lot of force on research to apply the hybrid 
concept in their own machines. This paper introduced the research and development of hybrid machinery in Hitachi 
Construction Machinery Co. Ltd , and also discussed the problems in this field. 

KEY WORDS  

 Hybrid, Construction machinery, Excavator, Wheel loader 

INTRODUCTION 

Recently, for purpose of energy saving and green 
emission, various kinds of HYBRID vehicles are 
promoted in automobile industry.  In construction 
machinery industry, makers also actively developed 
various kinds of machines based on hybrid concept[2]. 
This paper reviewed main features of construction 
machinery and problems on their hybridizations, and 
also introduced the development of hybrid wheel loader 
and hybrid excavator in our company.  

HYBRID in CONSTRUCTION MACHINERY 

Construction Machines and their Application 
Features 
There are various kinds of machines in construction 
machinery, for example, crawler type machines as 
excavator in Figure 1(a), crane as Figure 1(b), and 
wheel type machines as excavator in Figure 1(c), wheel 
loader in Figure 1(d). When we want to apply the hybrid  

(a) Excavator    (b) Crawler Crane 

(c)Wheel excavator  (d) Wheel Loader  

    Figure 1 Various type of Construction Machinery 
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concept in each type of machines, the system has to be 
considered to fit its special working style. Compared 
with the automobile vehicle, construction machinery has 
two obvious features[3]. 
 The first one is that the construction machines have 
multiple actuators. In automobile, a car has only one 
actuator for driving tires, and a large part of its engine 
power is prepared for its acceleration; A hybrid car can 
regenerates the moving energy in braking process, and 
re-used it for acceleration, so the engine size can be 
easily cut down, and the fuel consumption can be 
reduced. But for a hydraulic excavator, it has 6 actuators, 
e.g. swing, boom, arm, bucket, left and right travelers. 
According to its working content, sometimes the 
machine will share the total engine power to several 
actuators simultaneously, and sometimes, it needs to 
concentrate its full power to one actuator. The analysis 
of which actuator consumes more power, which actuator 
has more potential power to regenerate, and so to 
downsize the engine power is a quite difficult problem 
in hybridization of these machines.  
Another feature is that the construction machine has to 
use hydraulic power.  No matter what kind hybrid 
system, it needs a power storage component, such as 
accumulator, flywheel, battery, capacitor etc. Most 
machine makers prefer using electrical generator/motor 
as energy convention component, and battery or 
capacitor as energy storage component. The rotation 
actuators, says, motors are relatively easy to be 
substituted by electrical motors, but until now there is 
still no electrical device in the world which can 
substitute the hydraulic cylinder in same efficiency and 
same compacted size; So a well harmonized hydraulic 
and electric hybrid system is a practical way in current 
stage. But for Crawler Crane, all the actuators are in 
rotated motion, in this meaning, the hybrid based on 
electrical component will be easy to realize.  
Figure 2 shows a simple comparison of power train 
efficiency for hydraulic and electrical systems. It can be 
found that for rotation movement, with the substitution 
of electrical system, at least 10% improvement in 
efficiency can be expected. 

Figure 2 Comparison of the hydraulic and electric 
power systems 

Example of Hybrid Systems
For wheel type machines as wheel loader, the power 
consumed in travel movement takes a large ratio in its 
total working process, and the wheel driving is easy to 
be driven by electric motor, the hybrid configure of the 
this type of machine is relatively clear. And it will be 
mentioned later in detail.  
But for hydraulic excavator, there are multiple pumps to 
drive multiple actuators, various kinds of hybrid 
systems are possible. For different kind of hybrid 
systems, the energy saving effect is list up in Table 1 
according to the system simulation. 

  Table 1 Fuel consumption for different system 

Figure 3, 4, shows the concept figure of some typical 
systems.  It can be found that comparing with standard 
machine, more than 50% energy saving effect can be 
expected in some conditions.  

 Figure 3 Two pumps serial system  

Figure 4  Four Pumps parallel  

0.414-pump Hydraulic System

0.40Parallel Hybrid 4-pump System
0.46Serial Hybrid 4-pump System

0.43Double-pump Regeneration System

0.86Parallel Hybrid 2-pump System

1.10Serial Hybrid 2-pump System

12-pump System (Conventional System

Fuel Consumption RatioSystem

0.414-pump Hydraulic System

0.40Parallel Hybrid 4-pump System
0.46Serial Hybrid 4-pump System

0.43Double-pump Regeneration System

0.86Parallel Hybrid 2-pump System

1.10Serial Hybrid 2-pump System

12-pump System (Conventional System

Fuel Consumption RatioSystem
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Problems in Hybrid Construction Machinery
Compared with the ordinary automobile, the load 
change rate and amplitude are much larger. For example,  
a 20 tons class excavator works in a 30 seconds typical 
working period, its total load power can be changed 2 or 
3 times between 0kw to 60kw.  
 How to regenerate the energy in this kind of load 
change is an essential problem in hybrid construction 
machine. And so large and frequent changing of load 
power makes the battery or capacitor work in serious 
condition, how to extend their cycle life time is also a 
serious problem. And how to control the electrical 
actuator in quick and precise response under such a 
serious load process is also a difficult problem.  
Construction machinery have to be applicable to all over 
the world, and all kind of environment condition, 
components need to have same or even higher capability 
than automobile on environment performance, for 
example, as to vibration and impact resistance, 
automobile need only to resist the vibration about 5-7G, 
but the construction machinery need to resist more than 
10G. 

HYBRID WHEEL LOADER 

System Outline
Figure 5 shows the system outline of the hybrid wheel 
loader developed in our company[4].  Engine drives 
the hydraulic pump and electric generator in parallel, 
and the pump drives the hydraulic system for working 
front, and the generator drives electric motor and then 
the wheel movement.  The working front driving uses 
the conventional hydraulic system, the wheel driving 
use serial hybrid system.   

  Figure 5 System outline of the Hybrid wheel loader  

Since the ratio of traveling in total working process of 
the wheel loader is quite large,  even so the system is 
simple, it has well effect on power saving  
In practice, the hybrid system regenerates the braking 
energy into electric power and saves it in battery as the 

wheel loader is in deceleration, and use the power to 
assist the engine as it is in acceleration.  The system 
can not only uses the braking energy effectively, but 
also improves engine efficiency in acceleration process.  
The most typical task of the wheel loader is V type 
loading, its working process is shown as Figure 6. In 
this process, acceleration and deceleration frequency is 
quite high, the fuel consumption can be largely cu-off 
with this hybrid system.  

 Figure 6 A typical working model of wheel loader 

 As it described above, the hybrid wheel loader can 
save the energy mainly in three aspects.  
1) Increasing the efficiency of power train by the 

electrical driving. 
2) Optical engine running by electric assistance 
3) Power regeneration in deceleration 

Experimental Performance
Figure 7 shows the picture of the hybrid wheel loader 
we developed. And Figure 8 shows the performance 
experiment records.  It can be noticed that the energy 
regenerated in braking process well balanced the power 
needed in acceleration. And comparing with convention 
machine with HST system for wheel driving, in piston 
traveling process the fuel consumption can be cut down 
by 30-40%, and in total working process the fuel cost 
can save about 25-30%.   
We did not take any changes for front working system 
in this case, if possible, better effect might be expected.   

Figure 7 picture of the hybrid wheel loader  
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Figure 8 Running test results of hybrid wheel loader  

HYBRID HYDRAULIC EXCAVATOR

System Outline
Figure 9 shows the system outline of the hybrid 
hydraulic excavator developed in our company[5].  
The front working part, says the boom, arm, and bucket 
uses hydraulic system, swing uses electric motor to 
drive.  When the swing is braking and boom is lowered 
down the energy is regenerated and saved in capacitor 
for assisting the engine on necessary.  

Figure 9 System outline of Hybrid excavator  

Experimental performance 
Figure 10 shows the state of machine for digging 
experiment. From the experiment we knew that 
compared with standard machine, the hybrid excavator 
can save the fuel consumption as much as 25%.  
In this machine, to keep the total operation performance 
in same level with standard machine, engine size is not 
compacted. For some special used machine as its 

working content is limited in some range, for example, 
the machine mainly used for handling or moving 
something, according to the load analysis, the engine 
size may be cut down, and so better fuel consumption 
result can be expected.   

Figure 10 Picture of hybrid excavator 

CONCLUSION

Since most of construction machines have multiple 
actuators and the hydraulic cylinder is difficult to be 
substituted by electric actuators, the hybridization of the 
machines is not an easy problem to answer. Even so in 
our practice, with electrical driving of partial system 
and well arranging of total system, the fuel consumption 
can be improved by 25-40%.   

For reduction of Co2 release, and stopping the earth 
warming process, we will continue to put effort on 
hybridization of the construction machinery.   
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ABSTRACT

A series hydraulic hybrid drive train for application in a passenger car is described. This ‘Hydrid’ drive train features an 
in-wheel hydraulic motor in all four wheels, hydraulic transformers for power control and hydraulic-pneumatic accumu-
lators for energy storage and power management. The hydrostatic components are based on the highly efficient floating 
cup principle. The result is an efficient all-wheel drive vehicle with variable traction control on the front and rear axis. 
The fuel economy and the CO2-emission of the drive train are calculated for a mid-class sedan while driving the New 
European Driving Cycle (NEDC). The efficiency of the hydrostatic components is derived from efficiency measure-
ments of the floating cup pump.

KEY WORDS 

Series Hybrid Hydraulic Vehicle Efficiency

NOMENCLATURE

bNEDC specific fuel consumption [l/100km]
c conversion constant [l/100km/Wh]

Edrag cumulative rolling and aerodynamic resistance 
during the NEDC [Wh]

Ekin cumulative kinetic energy during the NEDC 
[Wh]

�ICE average cycle efficiency of a diesel engine [-]
�recup degree of recuperated kinetic energy which is 

actually stored in the accumulator [-]
�T average cycle efficiency of a transmission 

component of a series hybrid [-]
� rotational position of the motor shaft [°]

INTRODUCTION

The fuel consumption of passenger cars could be strong-
ly reduced if the engine would always be operated 
around the best point, where the engine has the highest 
efficiency. According to Breitfeld from BMW [1] the 
fuel consumption would then even be halved. To 
achieve this:

- a series hybrid drive train must be introduced 
- the engine has to be operated in start-stop-operation
- low load operation of the engine should be avoided
- energy storage is needed for power management and 

energy recuperation.

This paper describes the ‘Hydrid’ [2, 3, 4], a full hydro-
static hybrid transmission that could fulfil the require-
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ments for such a drive train. The IFAS-institute of 
RWTH Aachen University in Germany has determined 
the fuel consumption and CO2-emission of the Hydrid. 
Starting point for the study is that the hybrid vehicle has 
the same performance, size and weight as the original 
non-hybrid vehicle. The study is performed for a mid--
sized sedan driving the New European Driving Cycle 
(NEDC). The results of this study are summarized in 
this paper.

REQUIREMENTS FOR SERIES HYBRIDS

Series hybrid drive trains have several advantages com-
pared to parallel systems. In parallel systems, an extra 
transmission is added to the mechanical transmission, 
which increases both the weight and the cost of the ve-
hicle. In a series hybrid system, the mechanical trans-
mission can be completely eliminated and replaced by 
an electric or hydraulic system, which allows power 
management and energy storage. The engine is no lon-
ger connected to the wheels but can now be optimized 
for producing energy in the most optimal way.

Figure 1: Transmission components of a series hybrid

This, however, is only an advantage if all transmission
components (see figure 1) have a high efficiency, also at 
part load and low power operating points. If, for simpli-
city reasons, all the transmission components are assu-
med to have an equal average cycle efficiency �T, then 
the specific fuel consumption can be calculated:

bNEDC = c �
Edrag +Ekin 1��T

6
��recup( )

�ICE ��T
4

in which:

c = 9.25 � 10
�4
�

l

100km

1

Wh
[ ]

E
drag

= 633 Wh

E
kin

= 397 Wh

The amount of rolling and aerodynamic resistance 
(Edrag), and the amount of kinetic energy (Ekin) are 
calculated for a mid-sized sedan, while driving the 
NEDC. Since the engine can always be operated in the 
area with highest efficiency, the average (diesel) engine 
efficiency can be assumed to be quite high:

�ICE = 0.37

The specific fuel consumption of the passenger car can 
now be calculated for various degrees of recuperation 
and various transmission component efficiencies:

Figure 2: NEDC specific fuel consumption of a series 
hybrid vehicle, in comparison to the Volkswagen Passat 

benchmark.

This, rather simple analysis, shows the strong reduction 
of the specific fuel consumption that can be achieved 
with a series hybrid transmission. Compared to a vehi-
cle with a conventional mechanical transmission, the 
fuel consumption can be reduced by more than 50%. 
Energy recuperation has a modest effect on the fuel 
consumption: for the NEDC 0.5 to 0.9 litres per 100km. 
The specific fuel consumption is first and foremost 
affected by the efficiency of the transmission 
components. The average cycle efficiency of the 
individual components has to be higher than 80% in 
order to achieve a substantial improvement of the fuel 
economy.

This demand cannot be fulfilled with current electric 
components [5]. Furthermore the electric transmission 
will substantially increase the weight and the cost of the 
transmission if the vehicle performance is not to be 
compromised.
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The alternative for a series electric hybrid vehicle would 
be a full hydrostatic transmission, including hydraulic 
accumulators. Although accumulators have a rather low 
energy density, they are favoured for their high power 
density, much higher than of electric batteries. The tor-
que control of the wheels can be realized by means of 
secondary controlled, variable displacement motors. As 
with the electric motors, the size of the hydraulic motors 
has to be chosen for maximum speed and maximum 
torque requirements. By reducing the swash-plate angle 
of the variable displacement motor, the torque to the 
wheels can be controlled. But this again results in a poor 
efficiency at low power demands, which are typical for 
average driving conditions, for instance as defined by 
the NEDC.

Another disadvantage of current variable displacement 
hydraulic motors is the reduced torque at start-up and 
low rotational speeds. This is for a part due to stick-slip 
friction. The start-up torque can further be reduced 
because of the strong torque variations caused by the 
limited number of pistons. The torque variation also 
creates concerns about the noise, vibration and harsh-
ness (NVH) of a hydrostatic drive train [6]. 

NEW HYDROSTATIC COMPONENTS

A series hydraulic hybrid transmission only makes 
sense, if all the transmission components have a high 
average cycle efficiency. Furthermore a solution for the 
NVH-issue has to be found. 

Two recently developed hydrostatic principles are intro-
duced to fulfil these demands:
- the Floating Cup Principle
- and the Innas Hydraulic Transformer.

Figure 3: Low speed torque of three different hydraulic 
motors relative to the theoretical maximum torque

The Floating Cup Principle is a highly efficient positive 
displacement principle, which is developed for hydro-
static pumps, motors and transformers [7, 8]. Floating 
cup machines typically have around 24 pistons; 3 to 4 
times as much as in conventional piston pumps and 
motors. This strongly reduces the noise, pulsation and 
vibration levels. Furthermore, the Floating Cup princi-
ple has extremely low friction losses. The effect of the 
low friction losses and the high number of pistons can 
be seen in the diagram of figure 3 which shows the 
torque output (relative to the maximum theoretical 
torque) measured at a low rotational speed (< 1 rpm) of 
a floating cup motor, compared to a bent axis and a 
radial piston motor.

The hydraulic transformer eliminates the need for varia-
ble displacement motors. Instead, each wheel will have 
its own constant displacement motor. The wheel torque 
is controlled by means of the hydraulic transformer, 
which controls the pressure level offered to the wheel 
motors, as well as the flow direction. The transformer is 
a continuously variable (hydraulic) transmission, con-
verting the product of pressure and flow without any 
principle losses. The transformers can also act as pres-
sure amplifiers, thereby creating a boost torque when
needed.

THE HYDRID

On the basis of these new hydrostatic principles, a new 
series hydraulic hybrid, called the ‘Hydrid’, has been 
designed (figure 4). Each wheel has its own constant 
displacement motor. Due to the high power and torque 
density of the hydrostatic units, the increase of the un-
sprung wheel mass is limited. Alternatively, the hydrau-
lic motors could be mounted on the chassis, driving the 
wheels by means of conventional constant-velocity 
joints. The motors act as pumps when braking, thereby 
recuperating the kinetic energy of the vehicle and 
storing it (as much as possible) in the high-pressure 
accumulator.

The backbone of the Hydrid is the Common Pressure 
Rail (CPR). This system collects and distributes all the 
power inside the vehicle. The accumulators determine 
the pressure levels in the system. On the high-pressure 
side, the pressure level varies between 200 and 400 bar. 

The internal combustion engine delivers all its energy to 
a constant displacement pump. The torque demand of 
the pump is directly related to the pressure level in the 
high-pressure accumulator, and can consequently only 
vary between 50% (at 200 bar) and 100% (at 400 bar) of 
the maximum torque. Operation of the engine at low 
loads is therefore completely avoided. 
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Figure 4: Main components of the Hydrid

Table 1: Hydraulic components:

Pump: 56 cc/rev constant displacement
Accumulators: 20 litres (high- and low-pressure)

Hydraulic transformers: 60 cc/rev (pump equivalent)
Wheel motors: 45 cc/ rev constant displacement

Table 2: Vehicle parameters

Vehicle: Volkswagen Passat all-wheel 
drive Sedan (2007 Germany)

engine: 100 kW diesel engine
maximum traction: 4400 N

maximum vehicle speed: 190 km/h
empty curb weight: 1450 kg

frontal area: 2,26 m2
drag coefficient: 0,26

dynamic wheel diameter: 0,63 m
rolling resistance 

coefficient: 0,008

The hydraulic transformers are the power converters of 
the transmission, and control the traction and the speed 
of the vehicle in four quadrants. There are two transfor-
mers, one for each axis. The system offers a variable 
traction control for the front and the rear axis. At low 
torque demand, one of the axes can be shut-off comple-
tely. The differential function is created by means of a 
simple hydraulic T-joint. With hydraulic valves, a 
differential lock, or even torque vectoring can be 
realized, much more simple and less expensive than 
with mechanical systems.

MEASUREMENTS AND SIMULATIONS

The Institute for Fluid Power Drives and Controls 
(IFAS) of the RWTH Aachen University has built a si-
mulation model of the Hydrid in order to calculate the 
specific fuel consumption and the related CO2-emissi-
ons. For the pumps, motors and transformers, efficiency 
maps are used which are derived from recent efficiency 
measurements performed by IFAS on a 28 cc constant 
displacement floating cup pump. For the engine, the 
efficiency map of a Mercedes Benz diesel motor was 
applied [9], having a peak efficiency of 40%.

The size of the hydraulic components (see table 1) is 
chosen as such that the Hydrid has the same performan-
ce as the benchmark vehicle (a Volkswagen Passat 
sedan). Also the size (frontal area), aerodynamic 
resistance, rolling resistance, dynamic wheel diameter 
and vehicle weight have been chosen the same. Table 2 
gives an overview of all the vehicle parameters. The test 
cycle used for the simulation was the NEDC specified 
by the European Community (directive 93/116/EC). 
According to this directive, some of the auxiliaries (like 

the compressor for the air-conditioning) do not have to 
be taken into account. It is assumed that the energy for 
the water pump, the cooling fan, the generator and the 
fuel injection system are included in the efficiency map 
of the diesel engine. It is furthermore assumed that the 
power steering in the Hydrid does not consume any 
energy during the NEDC. Having a CPR hydraulic 
system, the steering system can now be a closed circuit 
system with no power consumption while driving 
straight on (as is the case in the NEDC).

FUEL CONSUMPTION

The first results of the simulations were published at the 
6th International Fluid Power Conference (6.IFK) in 
April 2008 [4]. In the IFK-paper, a double engine con-
cept was assumed, having two 50 kW diesel engines. In 
this paper the simulation has been run with a single 100 
kW engine. Furthermore, the air density was adjusted 
from 1,29 to 1,2 kg/m3, which is the correct value for an 
air temperature of 20°C.

Figure 5 shows the outcome of the simulation with res-
pect to the fuel consumption. The result is compared to 
the fuel consumption and CO2-emission of a Volkswa-
gen Passat sedan having an all-wheel drive manual 
transmission and a 100 kW diesel engine. The data for 
this benchmark are provided by Volkswagen Germany 
and are valid for the NEDC test cycle. 

The Hydrid strongly reduces the specific fuel consump-
tion, on average with 58%. Contrary to conventional 
vehicles, driving in the city consumes less fuel (per km 
travelled) than driving on the highway. This is to be 
expected for any efficient drive train, since the aero-
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dynamic drag is much less while driving in the city.
The high efficiency of the Hydrid is the result of:
- the high average cycle efficiency of the hydrostatic 

components;
- recuperation of the kinetic energy while braking;
- operation of the internal combustion engine close to 

the best point.

The size of the 20 litres high-pressure accumulator is 
sufficient for recuperating about 90% of the kinetic 
energy during the city part of the NEDC. During the 
entire NEDC 58% of the kinetic energy is recuperated. 
The rest is dissipated by means of a pressure relief valve, 
especially during the final brake action of the NEDC, 
which is a full stop from 120 km/h. Including the 
recuperated energy, the total average efficiency of the 
hydraulic transmission is 95%. This is somewhat higher 
than the average cycle efficiency of the mechanical 
all-wheel drive transmission of the benchmark, which is 
estimated to be 91%. 

Figure 5: Specific fuel consumption for the Hydrid 
compared to the conventional benchmark (comparison 
based on a mid-sized 4WD sedan with a 100 kW diesel 

engine, driving the NEDC)

The most important advantage of the Hydrid is that it 
allows the engine to run at high loads and hence at a 
high efficiency. Figure 6 shows a Pareto-distribution of 
the propulsion power required by the vehicle at the 
wheels. During 40% of the cycle time the wheels don’t 
require any propulsion power; this is when the vehicle is 
standing still (24%) or decelerating (16%). The maxi-
mum required propulsion power is 32 kW, which is 
much lower than the installed engine power. About 90% 

of the time the required wheel propulsion power is even 
below 11 kW. 

Figure 6: Pareto chart of the propulsion power required 
during the NEDC

In a conventional vehicle, there is no energy storage be-
tween the engine and the wheels. Consequently all the 
engine power has to be delivered directly to the wheels: 
the engine can’t produce more mechanical power than 
the vehicle requires for propulsion. Since the engine 
can’t be operated below a certain minimum speed, the 
engine has to be operated at low loads for the greater 
part of the cycle operation. Because the engine has a 
poor efficiency at these low load conditions (especially 
during city operation), the total drive train efficiency is 
strongly reduced and the specific fuel consumption is 
increased. 

In the Hydrid, the engine is decoupled from the wheels. 
Instead the engine power is now completely converted 
to hydraulic power by means of a constant displacement 
pump. The pump delivers its pump flow to the high-
pressure accumulator, having a pressure range of 200 -
400 bar. Having a constant displacement of 56 cc/rev, 
the pressure range of the accumulator requires a torque 
range of about 180 to 360 Nm. Consequently, the 
engine will only be operated between 50 and 100% load 
always having a nearly maximum efficiency.

CO2-EMISSION

The CO2-emission follows directly form the calculated 
specific fuel consumption. As before the CO2-emission 
from the Hydrid is compared to the NEDC-data for the 
benchmark vehicle (as provided by the car manufactu-
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rer).

Figure 7: Specific CO2-emission for the Hydrid 
compared to the conventional benchmark and the 

CO2-emission limits expected for Europe (comparison 
based on a mid-sized 4WD sedan with a 100 kW diesel 

engine, driving the NEDC)

For the conventional vehicle, the specific CO2-emission 
is 174 gr/km. This is much higher than the limits set by 
the European Community. The EU has agreed that by 
the year 2012, the average CO2-emissions from new 
passenger cars should not exceed 130g CO2 per km. By 
2020, the limit is expected to be further reduced to 95 
grammes CO2 per km. Both limits can easily be met 
with the Hydrid.

ELECTRIC SYSTEM INTEGRATION

In the Hydrid, the hydraulic transmission competes with 
the mechanical transmission (which it eventually com-
pletely replaces), but it doesn’t exclude electric systems 
and electric batteries.

Figure 8: Electric system integration

On the contrary: the high power density of the accumu-
lators can be very well combined with the high energy 
capacity of the batteries (figure 8). The hydraulic trans-
mission handles all the power transients and peaks. The-
refore, the electric system only needs to be designed for 
a base load of 5 to 10% of the installed engine power.

CONCLUSION

The fuel consumption and related CO2-emissions of 
passenger cars can be strongly reduced by means of a 
series hybrid transmission. Series hybrid systems are 
however only successful if the individual transmission 
components are extremely efficient. This study has 
proven that the new floating cup principle and the 
hydraulic transformer fulfil this requirement. The 
specific fuel consumption can be reduced by more than 
50%, without compromising the performance, size or 
weight of the vehicle.
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ABSTRACT 

An automatic power steering control system is modified to a tractor of 66kw engine power and using a navigation 
system of optical fiber gyroscope(IMU) and real-time kinematic GPS which are hybrid combined, the movement of the 
vehicle in the field is analyzed dynamically using a kinetic movement model of tractor to determine the parameters of 
the model. The tractor equipped with a planter was successfully controlled and was able to trace the target line correctly 
within 10cm by the method of adaptive travel control using the movement model of the vehicle considering the 
hydraulic time delay of the power steering mechanism. 

KEY WORDS  

Steering Control , Autonomous ,Tractor, , Vehicle modeling , Filtering,  

NOMENCLATURE 

 : Vehicle running direction 
 : Direction of vehicle body center line 
 : Steering angle 

Kf  : Cornering power of front wheel 
Kf  : Cornering power of rear wheael 
v  : velocity of vehicle 

 : Slip angle
 : Time rag of hydraulic operation 
 : Rotational rate 

: Rolling resistance 
w:  wheel base (suffices f:front, r:rear) 

m  :  Mass of vehicle 

INTRODUCTION 

The speedup of the work is gradually highly required 
with the extension of the size of operational holdings per 
one farmer. However, the need for accurately controlling 

the implement becomes inevitable. Automatically steered 
farm equipment has many advantages of increasing 
agriculture accuracies at high speed operation including 
relieving the driver of the tedious task of accurately 
steering the vehicle, operation in low visibility 
circumstances such as at night. Many agricultural 
operations pull towed implements. It will become 
necessary to accurately control towed implements. 
Tracked tractors are now used increasingly among 
farmers in Japan because of its soft compaction, strong 
fraction force, ability to work on the weak ground and 
stability in the high-speed field work. The operability 
and steering mechanism are constructed, and the running 
and turning performance is fairly improved nowadays. 
The operation is possible of the sense which is similar to 
the wheel tractor, and possible to work comfortable. 
However heading control of tracked vehicles at high 
speed is difficult for automatic driving or human driving 
with high accuracy because of the slippage between the 
crawlers and the ground. There has also been work done 
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on the control of wheel tractor implements, using GPS 
measurements, although there are no details on the model 
and control algorithms for the tracked tractors or 
semi-crawler tractor.  
This paper describes a modeling of the steering actuation 
of a crawler tractor and a semi-crawler tractor and an 
extended Kalman filter to estimate the position, direction, 
attitude, speed of the tractor required for the state 
feedback algorithm and robustic adaptive control method 
of the electro-hydraulic system of the tractor. The 
linearization of the tractor-implement model is validated 
through a series of the line tracking experiments on a 
semi-crawler tractor and a planter. 

METHOD

Vehicle Hardware and Control system 
A semi-crawler tractor (front wheel drive, rear crawler 
drive tracked vehicles, KUBOTA Ltd.M90-PC 
FQ1BMAL) of 66kW(90PS) was converted to automatic 
controlled Tractor. The following functions are 
controlled by microcomputer through D/A converter: 
steering, throttle and tri-link. The following are 
controlled by microcomputer through digital parallel I/O 
interface: forward, reverse and idle; and PTO. Front 
wheels are actuated using a modified electro-hydraulic 
steering unit installed parallel to the power steering 
system. The wheel angle is sensed by encoder equipped 
front wheel shaft The microprocessor converts volt from 
the control computer into electro current , which are sent 
to the power circuits that control the steering servo 
valves. The steering valves are controlled by the method 
of PID control.  

1 relief valve ,2 separate valve, 3 electromagnetic valve, 
4 filer, 5 check valve, 6 relief valve, 7 servo valve, 8 stop 
valve, 9 manihold    
Figure 1 Hydraulic system of the automatic power 
steering control  

Throttle and lift link are controlled by potentiometer. A 
wire connected to a geared DC motor with a clutch 

mechanism to maintain constant torque pulls the clutch 
or the brake pedal. PTO and other on-off switches are 
controlled by relay systems through parallel I/O interface 
board. The tractor is equipped with the IMU (JCS-7401A, 
Nihon Koukuu Denshi Co., Ltd.) which can output 
rotational angle and 

DGPS
Reference

DGPS

CPU for estimating of 
Position Direction 
Speed of tractor

Brake
Clutch
PTO
Start-Stop
Go fro –Go back
Hi/Lo ratio control
Emergency engine stop

IO PC card Parallel PIO 
Optical Fiber Gyro
Steering angle encoder
Engine speed encoder A/D Converter D/A Converter

Accelerator(geared motor)
Potentiometer    

Power Steering(hydraulic) 
Potentiometer

Tri-hitch(magnetic  clutch)
Potentiometer

Tractor 
Control Unit

Serial (RS-232C)

velocity of each yaw, pitch, roll rates. The accuracy of 
the IMU is 0.2 degree of accuracy and drift of 5 
degrees/hour. The RTK-GPS (SR530 , Leica Co., Ltd.) of 
accuracy within 2 cm and sampling rate 10Hz is also 
equipped with the tractor. The data of GPS are 
transferred through RS-232C interface to a notebook 
computer and the position, heading angle, attitude, speed 
of the tractor is calculated through a extended Kalman 
filter algorithm with the data of IMU.  
equations.
Model of vehicle movement 
In the flat field and hydraulic control time delay of front 
wheel of a tractor was made and the method of predictive 
motion control was applied to control the steering angle 
of an autonomous tractor by prediction of the motion of a 
vehicle in every 0.1 second based on the position, 
direction  and velocity data from GPS and FOG. A X-Y 
coordinate axis is taken like Figure 3, then the running 
direction  and the direction of vehicle body center line 
 equations are follows from the force ff,fr balance in the 

perpendicular direction to running direction of center of 
gravity and the moment balance in the circumference of 
center of gravity. 

mv (d /dt) = 2(Kf+Kr) 2(Kf f Kr r) (d /dt)
/v+2 Kf             (1) 
 Iz(d2 /dt)= {2(Kf f Kr r)+μfmg r} Kf f

2+
Kr r

2)(d /dt)/v + Kf f    
The locus of vehicle center of gravity and the direction 
of the vehicle are calculated on the base eqn.(1),(2). 
When the velocity of vehicle is constant, then these 
equations are calculated as follows. 

  m f   r               
= 1      v2    ( R)   (2)

2 Kr w w

Figure 2 Schematic diagram of the computer 
control system of autonomous tractor. 

Hydraulic clutch . 

Electro-hydraulic 
control  unit . 
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μfmg r   v
= 1                ( R) (3)

           2Kr w r w                                    
R =1  { (Kf f Kr r )(mv2+ f mg r )

+ fm2g rv2 2}/ (2 Kf Kr w2 ) (4)
Steering control method 
The steering angle (k) is controlled so as to trace the 
target line Y-axis. The direction ' and x' after short time 
 second are estimated with the eqn .(6),(7). The (k) is 

controlled so as to follow eqn.(5) relation. This eqn. s
relation means the direction of the vehicle is to 
proportional to the offset of the vehicle. 

’=f(x’,v(k) ) = K( ) x’        (5)
Where, 

’= (k)+ (k) (6)
x’= x(k)+ v(k) sin( (k)+ (k)/ 2 )   (7)

(k) and (k) are small, so approximately replaced as 
follows eqn. 

sin( (k) + (k) /2 ) = (k) + (k) /2  (8)
So, objective steering angle i(k) is obtained from 
(5)-(8) eqn. 

i (k)= w 1 ( ) (k) (k)
( ) (k) { (k) (1 ( ) (k) 2 )} (9) 

Where,  =(1 μf mg r 2 Kr w )    (10) 
Using a simulation model for a tractor mobile trace, after 
examining several functions f (x’, v), determined when 
strait traveling, 

f(x’,v) = (1+3v )•x’|x’|< /2•(1+3 v) )  (11) 
There is a relationship of dy / dx = 1 / tan , so if we 
suppose that Eq. (5) is satisfied, then the traveling trace 
is calculated by solving the differential equation of dy / 
dx = 1 / tan (f( x, v)). The relationship between offset x 
and vehicle direction ’ for vehicle control in strait 
traveling is expressed by Eq. (5).These parameters were 
fixed in the experiment. 

ff

fr

Side force
ff= Kf f
fr= Kr r

K cornering power

t : traveling direction
t : attitude
t : slip angle

’
’

Experiment of automatic planting in the field 
The semi-crawler tractor of 66kW(90 PS) was developed 
in our laboratory (Figure 4). After equipping this tractor 
with a planter for soybeans 2.52 m in work width, we 
conducted an experiment of automatic planting in the 

field 10 × 385 m in area at 1.3 m/s in travel speed 
(engine: 1800 rpm). At the end of the field, the system 
calculated target steering angle and executed a turn to 
bring the tractor assembly to the next ridge. After 
directing the tractor to the next ridge, the system 
measured the position and direction by FOG, GPS and 
collected the direction offset of the fiber-optic gyro 
output.  

Figure 4  Autonomous Semi-crawler tractor 

RESULT and DISCUSSION 

Responsibility of hydraulic steering control system 
The response of the hydraulic power steering control 
system is shown in Figure 5 when the target steering 
angle is 10degree and initial steering angle is 0 degree. 
The steering angle is controlled linearly and controlled 
within 1 second. The idling time rag is about 
0.2second.The process of the output volt from the 
computer PID control and measured steering angle is 
shown in Figure 6. 

Figure 3 Schematic diagram of movement of 
tractor. 

Figure 5 Response of electro-hydraulic power 
steering by PID control   
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Figure 6 PID steering control 

Characteristic of turning of the sem-crawler tractor 
The tractor travel first straight 10m and next turn right on 
fixed steering angle by computer control as Figure 7 and 
the direction of the tractor is measured by FOG and  the 
track is measured by RTK which’s accuracy is 2 cm.   
The relationship between the turning radius and the 
steering angle is examined in the field and the slip angle, 
the cornering power are calculated using these eqns.. 

=           (12) 
Kf = r mv /(2Ca w)       (13) 
Kr = fmv /(2Cb w)       (14) 

When 
 Ca= f /v  ,  Cb= r /v    (15) 
The velocity of the vehicle is changed 0.5,0.75,1m/s and 
the steering angle is changed from 5 to 40degree every 
5degree step. The relationship between the turning radius 
and the steering angle is shown in Figure 8. The turning 
radius is revealed as exponential function of steering 
angle with high correlation .    

Figure 7  Turning trace of semi-crawler tractor  

The cornering power Kf,Kr is calculated by eqn.(13),(14) 
as Figure 10.The cornering power of the rear track Kr 
increase with the steering angle grow while Kf decrease. 
By using this factor, turning radius is esteemed correctly 
with in 6 cm accuracy. 

Figure 8 Relationship between steering angle and turning 
radius(V=0.75m/s) 

Figure 9 Relationship between steering angle and slip 
angle 

Figure 10 Cornering power Kf(front wheel; ),Kr(rear 
track; )(V=1m/s) 
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Simulation of the steering control and movement of 
vehicle
The result of simulation of the movement of the 
semi-crawler tractor by the predictive steering control 
method is shown in Figure 8. The steering angle is 
calculated considering the hydraulic cylinder’s 
operational time lag and direction swinging which is 
supposed to occur by inequalities of the ground. Figure 
11 show  steering angle, direction of vehicle, x-position 
difference from the target line by adjusting predicting 
time lag. The tractor is more adequately controlled   by 
predictive time 1s than 0.5s7s. 

 Figure 11 Comparison of dynamics for path tracking of 
vehicle between the predictive time o.5s(upper) and 
1s(lower)  

Automatic planting in the field
The tractor  plant soybeans automatically by the round 
trip work of the straight distance 380m without the 
trouble at 1.3m/s speed for more than 30 minutes 
(experiment time).  
Each lines is parallel and almost straight with equal 
interval. The tractor was controlled within 10 cm (RMS 
5.2cm)of accuracy(Figure12-14). The tractor raise up 
planter and turn to next line automatically at the end of 
the operation area and select next target line which is 
generated by computer, and adjust the position and 
direction, after entering operational area, down planter 
and raise up engine revolution, and go forth. There is no 
meandering under the method of forecasting a position 
and direction of tractor. The traces of the seeding were 

parallel and equal to the target line and the edge of the 
trace was almost same.  

Figure 12 Track of autonomous tractor working on 
planting   

Figure 13 Track of the autonomous tractor working of 
planting( target line and actual track)  

Figure 14  Offset x track of autonomous semi-crawler 
tractor
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Figure 15 Planting soybeans by autonomous 
semi-crawler tractor (2007.5.29)  

                 Automatic Manual 
Figure 16 Comparison of plant raw (soybean) by 
automatic and manual operation 
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ABSTRACT

Displacement-controlled actuators, advanced continuously variable transmissions and hydraulic hybrid power trains 
represent new technologies for mobile hydraulic machines, off road and on road vehicles. These new technologies allow
major fuel savings and reduced emissions, but they change the performance requirements of positive displacement 
pumps and motors. Additionally, the market demand for positive displacement machines will increase. This paper 
briefly discusses these technology trends and the impact on existing pump and motor designs. The three major chal-
lenges are efficiency improvements, noise reduction and advancements in pump and motor control. Examples from the 
author’s research team documenting the progress in computer modeling of piston pumps and motors will be given. 

KEY WORDS 

Displacement controlled actuators, pump design, pump efficiency, pump model

NOMENCLATURE

A : piston area
R : pitch radius
�p:  differential pressure
V0 : volume of displacement chamber at ODC
VD : dead volume
� : swash plate angle
�V : volume to be compressed

INTRODUCTION

High power density is one of the greatest strengths of 
fluid power technology.  This makes fluid power espe-
cially advantageous for mobile applications where part 
of the consumed energy is required to move the in-
stalled actuators and transmissions. Fluid power is the 
best choice for actuators and drives in agricultural, 
mining and construction machinery as well as other 

automotive and aerospace applications.  However, the 
efficiency of fluid power systems is relatively low 
compared to electromechanical actuators and transmis-
sions.  This fact is becoming distressing due to rising 
fuel prices and stringent emissions requirements. The 
current use of metering valves (hydraulic resistances) in 
nearly all hydraulically powered actuation systems is 
one of the main reasons for low overall system effi-
ciency. Another problem is the relatively low efficiency 
of most of the currently used pumps and motors. This 
paper will briefly discuss the potential of displacement 
controlled systems and other major trends in mobile 
machines like power split drive and hydraulic hybrids. 
These new technologies allow major fuel savings and 
reduced emissions, but they change the performance 
requirements of positive displacement pumps and mo-
tors. Furthermore, the market demand for positive dis-
placement machines will increase. 
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TRENDS IN MOBILE HYDRAULICS

Displacement control for working hydraulics

Displacement controlled actuators avoid throttling 
losses and allow energy recovery. Berbuer [1] studied 
the performance of displacement controlled actuation 
introducing a hydraulic transformer 20 years ago. Since 
then many others have contributed to new circuit solu-
tions for displacement controlled actuators. An over-
view of early pump controlled actuation concepts can be 
found in Ivantysynova [2]. Figure 1 shows the circuit 
solution proposed by Rahmfeld and Ivantysynova [3] 
for displacement controlled linear actuators with single 
road cylinder. Several advantages make this concept 
attractive: 

- Throttling losses are eliminated
- Relief and check valves can be integrated into the 

pump case, thereby reducing the number of discrete 
components and fluid connectors

- Multiple cylinders can share a single low pressure 
line

- Recovery of potential and kinetic energy is possible 
since the pump automatically runs in motoring 
mode when the cylinder is driven by an aiding load

A similar solution has been studied by Lawrence et al 
[4]. An open circuit solution for displacement controlled 
actuators has been introduced by Haybroek, Larsen and 
Palmberg [5]. 

Figure 1 Displacement controlled actuator with single 
rod cylinder

Although much research effort has been spent over the 
last 20 years and impressive fuel savings have been re-
ported displacement controlled actuators are still not on 
the market[10]. The author’s research group continues 
its effort on introducing displacement controlled actua-
tors to mobile machinery. Figure 2 shows a simplified 
circuit for an excavator with displacement controlled 
actuators for all functions. Detailed dynamic models of 
the standard LS excavator system and the proposed dis-
placement controlled system were constructed, and a 
trench digging cycle was simulated for both. The dis-
placement controlled excavator consumed 29% less 
total energy than the LS excavator for the simulated 

operation, more details can be found in [6]. In dis-
placement controlled actuators the pump becomes the 
main source of losses. In addition, more pumps need to 
be installed in each machine. Therefore the pump effi-
ciency will determine the achievable energy savings. 
The impact of pump efficiency on total power con-
sumption has been studied by the author’s research 
group [7].

Figure 2 Simplified hydraulic circuit of a displacement 
controlled excavator

Figure 3 shows a simulated working cycle for a 
skeed-steer loader with displacement controlled boom 
and bucket functions, where two different pumps were 
used. Pump A had a maximum efficiency of 87% and 
pump B 90%. Although the difference in maximum 
efficiency is just 3% the system using type B pumps 
consumed 16% less energy for the same cycle. Thus 
improving efficiency in the entire range of operating 
parameters is very important for displacement con-
trolled actuation.

Power Split & Hybrid Power Trains

The power train technology will also undergo major 
changes. Among the continuously variable transmission 
concepts (CVT) the power split transmission principle is 
the most efficient. It allows very effective engine man-
agement and can be used for a wide range of applica-
tions. Besides the current tractor applications power 
split and hydraulic hybrids will be introduced in differ-
ent off road and on road vehicles [8],[9]. The transmis-
sion efficiency and ratio are strongly dependent on the 
efficiency of the pump and motor.

Closed loop control & Automation

A third clear trend is the introduction of more automatic 
functions and the development of small and large 
heavy-duty mobile robots or robot like machines. The 
replacement of human control by closed loop control 
will allow faster operation. The installation of necessary 
sensors to measure cylinder and pump displacement, 
system pressure, speed and machine acceleration will 
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allow the use of the installed actuator power for addi-
tional functions like active vibration damping [10]. 

Figure 3 Total power consumption of displacement con-
trolled skid steer loader

PUMP AND MOTOR REQUIREMENTS

The described new system technologies require major 
changes in pump and motor design. Highly efficient 
electrohydraulically controllable overcenter pumps are
requested for the realization of displacement controlled 
linear and rotary actuators. The power split and hydrau-
lic hybrid technology requires overcenter pumps and 
variable motors of the highest efficiency. The closed 
loop control of actuators and drives will require variable 
displacement pumps with installed sensors to measure 
the pump displacement. The integration of microcon-
trollers into the pump or motor will allow implementing 
many different control concepts and customer features 
by software, i.e. the design of smart pumps. Pumps for 
displacement controlled actuators usually require higher 
bandwidth of the pump controlled system. In addition 
pump noise will become a major challenge for mobile 
equipment when installing multiple pumps and motors 
in machines with quieter engines. The replacement of 
valve controlled systems by displacement control will 
increase the demand for smaller pumps. The future di-
rection for pump and motor design need to address the 
following objectives:

- reduction of pump and motor power losses in 
the entire range of operating parameters

- increase of bandwidth of pump control 
- reduction of pump and motor noise
- high operating pressures 
- compact design and high power density

INNOVATIONS IN PUMP DESIGN

The first question to be answered is; do we need to in-

vent new pump principles to fulfill the above listed re-
quirements? With gear, vane, screw and piston pumps 
and many different existing designs for each type the 
number of designs to choose from seems to be large 
enough. The current designs are usually much simpler 
than those developed 50 years ago [11]. The market 
share of variable units has continuously increased over 
the last 30 years and this trend will continue. That’s 
why this paper focuses on trends in the area of variable 
displacement machines and will not include gear and
screw pumps. Among the variable positive displacement 
machines only piston machines are applicable for high 
pressures, i.e. vane pumps are not suitable for the dis-
cussed new technologies. In mobile hydraulics radial 
piston pumps have not been used very often, except 
radial piston motors for high torque and low speed ap-
plications. Radial piston pumps with outer piston sup-
port are very similar to swash plate type axial piston 
pumps, thus both design allow high pressures, high effi-
ciencies and comparable power density. However due to 
the radial piston arrangement the radial piston pump 
with outer piston support is much shorter than the swash 
plate type axial piston pump. This could be an advan-
tage for the displacement controlled systems requiring 
the installation of a larger number of pumps in a single 
machine like the excavator shown in Fig. 2. One of the 
disadvantages of variable radial piston pump with outer 
piston support is the higher movable mass compared to 
swash plate type, thus for applications with high band-
width of the pump control system the swash plate type 
is clearly the best solution. There are only two types of 
axial piston machines - bent axis axial piston and swash
plate axial piston machines. The main difference be-
tween these two different designs is the generation of 
torque. In swash plate axial piston machines the torque 
generation takes place at the cylinder block. Therefore 
the piston is heavy loaded by a large radial pressure 
dependent force. This large force does not allow using 
piston rings to seal the displacement chamber better. 
The piston-cylinder pair requires a very good design to 
fulfill its double function (sealing and bearing). In bent 
axis axial piston machines the torque is generated on the 
driving flange. The lateral piston force is very small and 
therefore piston rings can be used to seal the displace-
ment chamber. Consequently this principle allows 
achieving higher efficiencies than all other known de-
signs. High starting torque and higher speed limit due to 
lighter pistons and the possibility to have very large tilt
angles (45°and more) are further advantages of the bent 
axis principle. The main disadvantages are higher pro-
duction costs, lower bandwidth and more complex de-
sign, which does not allow a through shaft in case of 
larger tilt angles. The swash plate type axial piston ma-
chine represents the simplest design. Unfortunately 
swash plate machines have a higher number of sealing 
and bearing gaps, which create a real challenge in 
achieving comparable high efficiencies. Computer 
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based design offers certain opportunities as will be dis-
cussed later in this paper. Another drawback of the 
swash plate unit is the limitation of maximum swash 
plate angle due to the high radial force exerted on the 
piston. This limits the power density of this design. Fig-
ure 4 shows a comparison of size of rotating group of 
different axial piston machines with different tilt angles, 
floating cup 10°, swash plate 18°, bent axis 45°. The 
dimensions shown are the main dimensions of the ro-
tating group of a 125 cm3 unit.

Figure 4 Comparison of main dimensions of rotating 
group of different piston machines 

The floating cup design proposed by INNAS [12] is a 
bent axis machine with a limited tilting angle of 10°due
to geometrical constraints [13]. The unit has 24 pistons 
and requires two valve plates and two cylinder blocks, i. 
e. the resulting number of parts of the rotating group is 
with 83 much higher compared to a 9 piston bent axis 
machine requiring 23 parts.  Table 1 shows a com-
parison of power density of the three different designs. 
The swash plate unit and the bent axis have both 9 pis-
tons. The high number of pistons (24) of the floating 
cup design allows reducing flow pulsation, but requires 
50 gaps to be sealed. Compared to that, a bent axis with 
9 pistons has only 19 gaps. Thus shows innovations in 
pump and motor design should rather focus on continu-
ous improvement of well-known and well-understood 
principles, like bent axis, swash plate and radial piston 
units. Although decades of research many effects taking 
place in our current machines are not completely under-
stood and models are still not accurate enough to reflect 
the complex nature of physical effects taking place in 
these machines. Sealing of the displacement chamber is 
the biggest challenge when designing a positives dis-
placement machine for high pressure application. 
Therefore the design of the sealing and bearing gaps in 
the area of piston machines will offer many opportuni-
ties for innovations necessary to improve efficiency in 
the entire range of operating conditions. Surface shaping, 
surface texturing, the application of new materials and 

coatings together with new manufacturing technologies 
will form the basis for further innovations to meet the 
described challenges. 

Table 1: Rotating group power density comparison of 
125 cm3 positive displacement units 
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Figure 5 shows measured power loss and overall effi-
ciency of a 75 cm3 variable swash plate unit for four 
different displacements and two operating pressures 
when running at 2000rpm. The power loss at lower 
swash plate angles is too high to keep the efficiency 
curve flat. In addition to that keeping the efficiency high 
also for lower pressures is very important for displace-
ment controlled actuation and transmissions. Thus a 
further reduction of losses occurring at lower pressures 
is another challenge for the design of high pressure 
pumps and motors.

Figure 5 Measured power loss and overall efficiency of 
a 75 cm3 unit for different swash plate angles 

The program CASPAR allows supporting pump design 
and optimization based on modeling non-isothermal gap 
flow in all three connected gaps of swash plate axial 
piston machines [12]. The model has been extended to 
consider fluid structure interaction, i.e. the hydrody-
namic effects due to elastic surface deformation [15]. 
The CASPAR model considers micro-motion of all 
movable parts of the rotating group to determine the 
varying gap heights between highly loaded sealing and 
bearing surfaces over one shaft revolution. Based on the 
final gap heights the load carrying ability of the gap and 
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all other resulting parameters like viscous friction and 
leakage can be predicted. The program was used to op-
timize the piston shape for pumping and motoring con-
ditions [16]. Recently the impact of a shaped valve plate 
has been studied [17]. Figure 6 shows the gap height 
between cylinder block and valve plate for the rotating 
angle �=0°, i.e. the piston at the outer dead center. 
Changing external forces exerted on the cylinder block 
lead to a micro-motion of the cylinder block which 
causes varying gap height over one haft revolution 
while running the pump under steady state conditions. 
Figure 7 shows the impact of shaping on the fluid film 
thickness. The average maximum and minimum gap 
heights between valve plate and cylinder block are 
shown for different operating conditions (two speed 
settings, two different operating pressures and 100% 
and 20% swash plate angle). The gap heights for the 
standard design are shown in light gray and the gap 
heights obtained for the shaped surface in black. The 
investigated surface shape contributes to an increase of 
gap heights at lower operating pressures and lower dis-
placements. 

Figure 6 Gap height between valve plate and cylinder 
block using a shaped valve plate surface 

Figure 7 Maximum and minimum gap height between 
valve plate and cylinder block 

The change in gap height leads to change in fluid flow 
conditions and consequently to a change of friction and 
leakage. Viscous friction and leakage determine the 
power losses generated in by the gap in case of full fluid 
film conditions. For all simulated eight operating condi-

tions a sufficient thickness of the fluid film has been 
obtained. The shaped valve plate surface reduces the 
power loss by more than 60% for lower operating pres-
sures and low displacement. In case of high operating 
pressures the impact of the investigated shape is negli-
gible.

Figure 8 Average power loss of the gap between valve 
plate and cylinder block (standard & shaped valve plate)

Recently there has been an increasing trend of research 
on fast switching valves. The idea of creating a virtually 
variable displacement pump has been proposed and 
studied by different teams [18],[19]. Lumkes and Bat-
dorff [19] investigated the losses associated with the use 
of fast switching valves, but did not consider that the 
fixed displacement pump will have in addition consid-
erable losses. Fast electro-hydraulically operated 
switching valves could be used to reduce losses due to 
compressibility when integrating them in piston ma-
chines to connect each displacement chamber with the 
high pressure and low pressure port respectively. Figure 
9 shows an example for a swash plate axial piston pump 
with rotating swash plate. By keeping the displacement 
chamber connected to suction during discharge for the 
required time the compression of the volume expressed 
by the second term in Eq. (1) will be avoided. Assuming 
that the switching valves are fast enough, for a 75 cm3

pump running at 3000 rpm, 300 bar pressure and 20% 
displacement the theoretical increase in discharge flow 
rate is 1.34 l/min. 

V0 =VD + R � A tan�max + tan�( ) (1)

Figure 9 Swash plate axial piston pump with fast 
switching valves for individual chamber porting
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CONCLUSION

Displacement controlled actuators, power trains based 
on power split transmission and hydraulic hybrids are 
the main emerging technologies, which can significantly 
reduce fuel consumption and emissions. These tech-
nologies require elctrohydraulically controllable vari-
able displacement pumps with four-quadrant operation. 
Major challenges are high efficiency in the entire range 
of operating parameters; low noise and advancements in 
pump control. Surface shaping and texturing, the appli-
cation of new materials and coatings together with new 
manufacturing technologies will form the basis for fur-
ther innovations in pump and motor design. Due to the 
limited length of this paper only few examples for new 
directions in pump design are presented and the refer-
enced work is very limited and does not reflect the 
amount of research accomplished in this field world-
wide. 
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ABSTRACT 
 

Introduce KOMATSU's newest hydraulic systems and components for medium-sized bulldozer, which includes 
electronic controlled HST (Hydro Static Transmission) and hydraulically drive fan system. Electronic controlled HST 
consists of tandem piston pumps and two inside-shoe type final drives. Inside-shoe type final drive consists of bent axis 
type piston motor and 2 stage planetary reduction gear. Hydraulically drive fan system consists of variable piston pump 
common with work equipment pump and in-fan type fixed motor. This system is also electronically controlled. By 
using these hydraulic systems and components, layout flexibility and vehicle design flexibility are drastically improved, 
therefore this bulldozer can get unrivaled blade visibility and productivity at the same time. 
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 Figure 1 Components layout Figure 2 Unrivaled blade visibility  

See what you have been missing! 

Hydraulic Drive fan 

Rear radiator 

HST Motor  

Inside-shoe type

final drive 

HST Pump, 

Work equipment 

 Fan Pump 
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1. TARGET AND ISSUES 
To improve total performance by  

Create unrivaled blade visibility by super-slant nose. 
Increasing productivity and reducing hydraulic loss. 

2. SOLUTION OF THE TARGET AND ISSUES 
a) Change power train transmission with clutch and  

brake to HST. 
b) Change front mount radiator with in-fan type motor 

to rear mount radiator with in-fan type motor.   
   By using HST drive and hydraulic drive fan 

systems, component’s layout flexibility and vehicle 
design flexibility are drastically improved, therefore 
this bulldozer can get unrivaled blade visibility.  

c) Seamless traction force and power turn by  
Electronic controlled HST with continuously  
variable pump and motor. 

Speed sensor in both travel motors ensure straight 
tracking, even working on slopes and with uneven  
blade loads. 

d) Change work equipment pump from two fixed gear 
pump to one variable pump and CLSS 
(Closed Center Load Sensing System) and change 
fan control system from surplus flow by-pass type 
in-fan type motor to fixed in-fan type motor and 
variable pump (common with work equipment 
pump) and CLSS. 
This fan system is also electronically controlled by  
control valve with EPC valve. 
Take out engine power efficiently at all speed range 
by electronic controlled HST. 

 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Old Model New Model

Figure 3  Old New Model  

Figure 4  Comparison of power train  
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3. HYDRAULIC COMPONENTS 
 HST Pump 

a) Superior Durability and Reliability 
Variable displacement swash plate type piston pump  
using common internal parts with other KOMATSU  
made reliable construction machines. 

b) For electronic 
Electronic controlled in-line servo structure with EPC  
Valve (Electronic Pressure Control Valve) 
 HST Motor 

a) Superior Durability and Reliability 
Variable bent axis piston motor same concept with  
other KOMATSU made reliable construction  
machines.  
Free from attack by rock or soil owing to inside-shoe  
final drive layout. 
Easy accessibility and maintainability by modular 
designed inside-shoe type final drive integrated with 
HST motor and reduction gear. 

 b) For Electronic 
Electronic controlled in-line servo structure by 

 control pressure from frame mounted EPC Valve. 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

In-line servo 

Shoe width 

Inside-shoe type final drive 

Figure 5  HST Pump 

EPC Valve

New Model Old Model

 

In-line servo 

Speed sensor 

Figure 6  HST Motor

Figure 7  Comparison of final drive  
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4. CONCLUSION  
KOMATSU’s newest hydraulic systems and 
components for medium-sized bulldozer 

Create unrivaled blade visibility by super-slant nose. 
Increasing productivity and reducing hydraulic loss. 

a) Change power train transmission with clutch and 
brake to HST. 

b) Change front mount radiator with in-fan type  
motor to rear mount radiator with in-fan type  
motor. 

c) Seamless traction force and power turn by  
electronic controlled HST with continuously  
variable pump and motor.  
Speed sensor in both travel motors ensure straight  
tracking, even working on slopes and with uneven  
blade loads. 

d) Change work equipment pump from two fixed gear 
pump to one variable pump and CLSS and change 
fan control system from surplus flow by-pass type  
in-fan type motor to fixed in-fan type motor and  
variable pump (common with work equipment  
pump) and CLSS. 
This fan system is also electronically controlled  
by control valve with EPC valve. 
Take out engine power efficiently at all speed  
range by electronic controlled HST. 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

5. FUTURE PLAN 
We will try to improve hydraulic systems and 
components day by day, 
so as to achieve construction machine’s selling point, 
and to contribute to the customer’s benefit 
 
These concepts were adapted to 3 more models 
which will be launched soon. 
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ABSTRACT 

The development of fluid power systems for use in agricultural and construction machinery faced in the last years a substantial

contribution due to the increasing role played by electronics. The scenario of the next years in agricultural and construction will be 

very much influenced by legislation constraints in terms of environmental compatibility, noise emission, energy usage and 

recyclability. The new set of requirements in terms of safety level for machines, described in documents like ISO 15998:2008 will 

change the boundary conditions for machine design, requiring a deep investigation at system level, which will force a change in

the design perspective for fluid power components. The new possibilities given by an extensive use of embedded electronics, 

advanced architectures and system level design of machines will be investigated and described trying to highlight threats and 

opportunities for next generation of products. 
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INTRODUCTION

The deep changes in hydraulic circuit layout due to the 
extensive use of electronics and distributed control is an 
unquestionable feature which characterized the evolution 
of high-end products over the last decade. However, the 
potential offered by the novel approach is not fully 
exploited since, with some remarkable exceptions, it 
affected mainly hydraulic components, seen as individual 
parts, performing local functions. The availability of a 
large amount of information on system variables, and the 
ability of control systems to react to abrupt changes in 
the operating environment, is one of the key features of 
fluid power systems coupled with electronic control. It 
can overcome the major limitations, in terms adaptation, 
shown by traditional hydro-mechanical approach. 

On one hand, the mobile machinery industrial sector is 
one of the trailers in view of the reduced cost and 

improved flexibility of electronics, but on the other hand, 
the target of the efforts is strongly influenced by 
legislation constraints in machinery use. These 
constraints, after a long period of independent evolution, 
are now converging towards a global approach, where 
America, European and Asian markets tend to share a 
common objective. The paper tries to highlight these 
mid- or long-term objectives focusing on the way they 
can affect the development of fluid power systems for 
mobile use.  

MAJOR CONSTRAINTS 

NOISE EMITTED BY OUTDOOR EQUIPMENT 

European Directive 2000/14/EC [1], amended by the 
Directive 2005/88/EC of the European Parliament and of 
the Council of 14 December 2005, corrected by 
Corrigendum to Directive 2005/88/EC (OJEU L 165, 
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17.6.2006, p. 35), concerning the noise emitted by 
equipment used outdoor, enforced strict limits on noise 
emission by mobile machinery, according to a long-term 
reduction strategy. Several machines (mainly 
earthmoving) were strongly affected by limits imposed 
and needed specific measures to be undertaken in order 
to improve their noise emission level. Apart from other 
side effects, which will be dealt with later, the first result 
of reduction in noise emissions from the main sources 
(engine and cooling fan) is the increased importance of 
hydraulic components as a noise source [2]. 

Research on noise reduction in fluid power 
components has always been a very active area, but in 
recent years a renewed attention revitalized the area, 
thanks to the pressure that machine manufacturers are 
exerting on hydraulic suppliers in order to get quieter 
components. Figure 1 shows the situation on noise 
emission values from hydraulic excavators as function of 
net engine power, prior to directive 2000/14/EC 
enforcement 

It is worth noting that emitted noise values are 
significantly above 100 dB(A) for a large part of 
installed power range. 

Figure 2 shows the guaranteed noise levels admissible 
for excavators according to the requirements of the 
Directive 2000/14/EC.  

A first comment is that the limits can be challenging 
for several machines, and according to several analysis 
of statistical data, in an excavator for example, the 
engine noise, fan noise and hydraulic noise can all be at a 
similar level, and in that case all need to be reduced 
together [13]. It is worth noting that at the time of 
switching from stage I levels (third column of figure 2) 
to stage II (last column), a remarkable 20% of the 
machines could not meet the requirement [13]. 

EMISSIONS FROM I.C. ENGINES 

The topic of limitations to emissions of CO2 and Nox
from internal combustion engines used off-road, 
Directive 97/68/EC, amended by 2004/26/EC and 

2006/105/EC is another of the environmental and 
legislation constraints able to change the overall scenario 

of boundary conditions that fluid power systems must 
comply with. If apparently this actions does not directly 
affect fluid power systems, when combined to noise 
emission limits it had, and will have, tremendous impact 
on design. 

Figure 2  permissible noise levels according to EC 
directive (dBA) 

Figure 3 shows the evolution of limit emissions from 
I.C.engines according to European legislation, but the 
scenario does not change much if we refer to EPA in 
USA (figure 4) or Japan (Figure 5) 

Mobile machinery are significantly impacted in the 
sense that up to 100% of the available power is 
transferred to implements or locomotion devices though 
hydraulic subsystems, and the coupling between demand 
and available power determines the engine working point 
and therefore its emissions. 

The effect on machine constraints can be summarized 
as follows: 

Engine displacement becomes generally 
larger; 
Rated engine speed is generally reduced; Figure 1 Emissions from off-road diesel engines in 

Europe Cooling system design is more stringent (also 
due to noise limitation) 
Electronic injection control is generalized 

Figure 3 Emissions from off-road diesel engines in 
Europe 
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Figure 4 Emissions from off-road diesel engines in 
USA 

Figure 5 Emissions from off-road diesel engines in 
Japan 

The effects on fluid power systems, to be considered 
additional to the noise effect already highlighted, are 
various: 

Increase of operating temperatures 
Variation in the torque-speed characteristic of 
i.c. engine 
Need to control the i.c. operating point shift 
due to load characteristic of fluid power 
subsystem 
Increased attention to overall efficiency and 
specific fuel consumption in actual operation 
Need for transparent interface between engine 
and fluid power systems electronic control 

The above mentioned aspects more or less can be 
tackled with the system-wide approach to fluid power 
systems design, boosting the activity towards the 
development and adaptation of advanced system 
architectures also for small and medium size machinery 
[6, 7], with implications that will be discussed in the next 
paragraphs. A different effect is the increase of operating 
temperatures, which will rise beyond the traditionally 
considered threshold of 90° Celsius, to reach in most 
cases stable values above 100°. Most manufacturers 
already seek component and system qualification above 
those values, but design methods generally do not take 
into account the effects of this increase, both in terms of 
fluid performance and material compatibility. This 
temperature trends will influence fluid characteristics, 
material and component endurance and gathering of 
proper data on efficiency and service life of components.  

ELECTRONICS AND SENSORS 

The introduction of electronics in fluid power systems 
is not a new trend. It started in ‘90s and nowadays can be 

considered a settled achievement, widely accepted by the 
market. 

However only in recent products the potential of this 
technology starts to be fully exploited. Notable examples 
in this field are the dedicated electronic control strategies 
for fluid power subsystems applied by more or less all 
the major earth moving machinery manufacturers and/or 
dedicated ranges of application optimized hydraulic 
components like the Electronic Flow Match (EFM) or 
Bodas by Bosch-Rexroth. 

Also research is very active in this field and many new 
applications or strategies try to use electronics to find a 
best match between hydraulic subsystem and application 
[7,8]. In view of an exploitation of the perspectives in 
this field, some aspects are worth mentioning: 

1. The number, location, precision and 
reliability of sensors will increase, as well as 
their degree of integration inside components; 

2. Electro-hydraulic components will perform 
more and more complex actions, rather than 
receiving and applying an external command, 
being part of a common, distributed control 
system with increased need for data transfer 
throughput and reliable protocol; 

3. Being a large amount of controls relying on 
electronic boards and programmable devices, 
safety issues require special treatment 

The first two aspects have been broadly investigated 
by many authors and do not need special focus here; 
however the third is more impacting in the field of 
mobile off-road equipment [9,10,11]. 

The focus of new standards is on functional safety 
(much broader than component integrity), which will 
force functional analysis to become a common task, 
switching the focus from le component level to the 
system level, in evaluating a fluid power system. As an 
example, Figure 6 shows the flow chart for functional 
safety implied by the newly published ISO 15998 
standard. 

Most applications will need the certification of their 
Safety Integrity Level (SIL), according to EN 954 and 
EN 61508, and the impact of this requirement is much 
more extended than a trivial need for third party 
certification. The full approach to design of components 
and systems for mobile hydraulics must change, and 
concepts like reliability assessment, probabilistic design, 
risk management must become common practice for the 
fluid power component design. 

A design can be completely scrambled by the switch 
from pure performance achievement to safe function 
certification, expecially when safety critical applications 
are concerned, like X-by-wire systems, lifting systems or 
travel control systems are concerned. 

The evaluation of Safety Integrity Level (Figure 7) is a 
complex task, involving multidisciplinary approach, and 
which is best performed at early design stages of 
components and control boards. The close link to 
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application demand of this activity will boost the already 
generalized tendency to specialize fluid power 
components towards an integrated subsystem specifically 
tailored on application needs. 

SUSTAINABILITY 

The ever increasing attention to environmental and 
energy issues is having a great impact on standardization 
activity in the field of off-road machinery. 

s fractions 
which are subject to different (pre)treatment. 

Table 1 Mass de rix (adapted 
from ISO/F

Sy  

ISO/FDIS 16714 is close to final publication, and will 
introduce a criterion for recyclability assessment of 
material used in earthmoving machinery. The final target 
is an ambitious amount of 95% recyclability in mass, 
with a significant part of the standard dealing with 
recyclability of fluid power components. Table 1gives a 
snapshot of the breakdown of machine mas

finition for recyclability mat
DIS 16714) 

mbol Description 

mP
n into account at mass of materials take

the pre-treatment step 

mD
ken into account at mass of materials ta

the dismantling step 

m
nto account at the 

M metal separation step 
mass of metals taken i

mTr

mass of materials taken into account at 
the non-metallic residue treatment step 
and which can be considered as 
recyclable

mTe

mass of materials taken into account at 
the non-metallic residue treatment step 
and which can be considered for energy 
recovery 

SM  shipping mass (ISO 6016) 

Fluid power components and hydraulic fluids will play 
a non marginal role, and their ability to be easily 
dismantled, recycled and possibly handled with a 
minimum energy usage will ease the application in off-
road machinery. All of them are listed as components to 
be considered for pre-treatment, with the relevant 

accumulators, which are to be accounted as non-metallic 
residue for which the availability of a proven technology 
for separation, recycling or energy recovery must be 
shown. The machine recyclability rate is defined in the 
standard as 

except andion of flexible hoses, filter cartridges 

100
SM

mmmmR TrMDP
cyc

And the recoverability rate (which includes energy 
recovery) is given as 

100
SM

mmmmm
R TeTrMDP

COV

The details are not relevant at this stage, but the 
content of the standard clearly shows a general trend in 
material life cycle assessment which is further amplified 
by recent attention in terms of sustainability of the entire 
life cycle of the machine. 

Figure 6 functional safety evaluation chart 
Figure 7 evaluation of Safety Integrity Level 
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A mobile machine, as far as sustainability is concerned, 
is an “energy consuming product” in the sense of the 
existing legislation. It is a shared opinion that for off-
road operating machinery more than 80% of 
sustainability is in the efficiency of energy use by the 
machine (i.e. fuel specific consumption). This 
consideration is only apparently trivial. It means that 
most of the efforts in developing new products, systems 
and controls must be in the direction to induce energy 
savings in the machines during actual operation. 

ENERGY USE 

The concept of energy use automatically calls for 
efficiency. The concept of efficiency, however, apart 
from its apparent simplicity, as a ratio between energy or 
power output and input of a system or component can be 
tricky.  Evaluation of efficiency depends on placement of 
the boundary of the domain where efficiency is 
computed, and on choice of the duty cycle of the 
component. In case of steady state operation, does not 
matter if power ratio or energy ratio is evaluated, as in 
this case instant efficiency, work cycle efficiency and 
lifetime efficiency are equal. Unfortunately this situation 
is far from being a real life case in off-road machinery. 
CVT (power-split) transmissions, introduced in the early 
‘50s have been considered a little more than a curiosity 
for a long time, just because their steady state efficiency 
was significantly lower than mechanical or powershift 
transmissions. Only in recent years their intrinsic 
capability to adapt to different working conditions has 
been recognized as a key factor to get better efficiency in 
complex working cycles, with high and unpredictable 
load changes. 

A similar approach applies if we look at the concept of 
efficient energy use of earth moving or agricultural 
machinery. Prime mover, hydraulic pumps and motors, 
transmissions, locomotion gears and implements have 
individual efficiency which depends on the operating 
point, with variations in the range of operation as high as 
60-70%. Efficiency maps of the different parts of the 
energy path from prime mover to implements do not 
match to each other, and therefore the quest for optimal 
efficiency is a continuous struggle to find the best 
compromise among different needs. 

This aspect is evident not only in many research 
papers and new products from leading manufacturers, but 
also in the international standardization activity. ISO/TC 
127, Earthmoving machinery, recently started a high 
priority new work item on test methods for efficient 
energy use, with the objective to make a reference 
procedure available to rate machine energy consumption 
in working conditions as representative of actual usage as 
practicable. Japan government have been promoting to 
establish the specific and effective “Measures to Prevent 
Global Warming”.  As one of measures in the area of 

construction method, it would be required to improve 
fuel consumption of construction machinery and to be 
able to select more  “fuel-efficient” machines. Three test 
procedures about hydraulic excavator, tractor-dozer and 
wheel loader were released as JCMA standards(JCMAS) 
in May 2004. Afterwards, Revision of the standard has 
been advanced to improve accuracy, repeatability, 
reproducibility, and variance.  This work is being used as 
a starting point for ISO activity. 
Fluid power industry must take the opportunity offered 
by this expected boost in efficiency, with a deeper 
consideration of actual duty cycles of components in 
different applications and an improved control of the two 
main interfaces affecting efficiency: pump(s)-engine and 
soil-implement(s). 

dvanced simulation tools are also a great opportunity, 
w

Figure 8 From field data to component qualification 
- PROHIPP design approach (Courtesy of Pedro 

Roquet SA – Spain) 

A

Figure 9 Example of advanced use of Computational 
Fluid Dynamics for cylinder cushioning design 

(IMAMOTER - PROHIPP project [12]) 

ith their increased ability to perform multi-physics 
simulations and to include control systems analysis and 
synthesis. Application of virtual reality (VR) tools to 
machine design is already a common practice for many 
machine manufacturers, in view of ergonomics, visibility 
and maintenance optimization. However advanced 
simulation tools allow a better insight also to fluid power 
components, in order to get the information needed to 
improve design methods and system reliability. The EU 
funded project PROHIPP is such an example. It is aimed 
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of insight made available by 
ad

CONCLUSIONS 

ture trends in fluid power will be highly constrained 
by

undergo a substantial change.  

The author rtners of the 
PROHIPP project (www.prohipp.com

at developing a novel, category based, probabilistic 
design applied to hydraulic cylinders, making an 
extensive use of advanced simulation tools for approach 
validation. Figure 8 is an example of the categories 
definition proposed, depicting a scenario which is 
consistent with a reliability evaluation approach in line 
with the already discussed SIL level for electronic 
subsystem. 

An example of the level 
vanced simulation tools is the evaluation of cushioning 

device on hydraulic cylinders. The non-linear simulation 
and the CFD investigation gave full insight into the 
behavior, explaining and highlighting specific features 
such as oscillatory behavior and/or sealing damage due 
to the presence of unbalanced radial forces in cushioning 
stroke. Figure 9 shows the pressure field at a specific 
moment in time of the cushioning, and the comparison 
with the corresponding experimental results in one of the 
three specific designs investigated. The data reproduction 
is extremely good, validating the confidence on the set of 
parameters which can be derived by a numerical 
simulation and which cannot be measured in a physical 
experiment, such as discharge coefficients, turbulence 
parameters and surface pressure distribution. A full 
description of the findings of the project is beyond the 
scope of this paper, but they proof that the extensive, 
concurrent use, of advanced simulation tools, properly 
coordinated with experimental activity will make the 
probabilistic approach to design a feasible task for fluid 
power components with a significant improvement in 
machine reliability and efficiency, thanks to the reduced 
impact of oversized (or ill-sized) design usually implied 
by a traditional approach based on safety factors. 

Fu
 the increasing demand by legislation and associated 

social concern about mobile machinery impact on 
environment and safety. However this situation should 
not be considered as a threat, but rather as an opportunity 
to improve performance and to drive the introductions of 
new technologies, materials and design approach. New 
approaches will be required in view of performance 
assessment and design practice and some of them could 
take advantage of technology transfer from more other 
sectors, such as automotive and aerospace. Nevertheless 
a significant possibility exist to develop original 
approaches in the field of system-wide approach to 
design and manufacture, application of integrated 
computer-assisted techniques and improvement of man-
machine-environment interfaces. Building blocks of new 
achievements are already being developed and in the 
future, possibly, the overall appearance of machines will 
not change much, but their internal architecture will 
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ABSTRACT 

The status and development tendency of construction machinery in china in recent years will be introduced; especially 
the outputs and performance level of the main products such as excavator, loader, crawler crane, truck crane, road roller 
and rotary drilling rig. Then the application of new products from internal corporation is analyzed and the research and 
development tendency of homemade hydraulic components of construction machinery field are also included. This 
paper introduces not only the national product standards of construction machinery but also the national policies and 
regulations for energy saving and pollution reduction in China.  
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Construction machinery, National product standards, Policy, Hydraulic component, China 

GENERAL STATUS 

With the development of 50 years, China construction 
machinery industry can provide products of 18 main 
kinds, more than 4500 species. It has been an important, 
large scale and flourished industry, which can meet the 
needs of home market. In 2006, there were about 1,000 
large scale construction machinery factories, of which 
130 were foreign-invested factories and joint ventures; 
300 enterprises’ annual sales over-passed 1,000 
thousand dollars; 100 enterprises’ annual sales 
over-passed 10,000 thousand dollars, and their total 
annual sales were 11.8 billion dollars, 75% that of 
whole industry’s; 23 enterprises’ annual sales 
over-passed 1,250 million dollars, and their total annual 
sales were 50% of whole industry’s. In 2006, 420 
thousand construction machines of all kinds were sold 
out, and the sales were 20 billion dollars, which grown 
up by 28% compared to that of the last years’. Based on 

the sales statistics of the main enterprises and compared 
to the last year, sales of excavators (48021) grew up by 
45.8%, and sales of loaders (126128) grew up by 13.3%, 
and sales of bulldozers (6063) grew up by16.2%, and 
sales of land scraper (2174) grew up by 31.3%, and 
sales of construction cranes (14081) grew up by 30.8%, 
and sales of road rollers (8470) grew up by 21.2%, and 
sales of forklifts (78709) grew up by 35.5%, and sales 
of rotary drilling rigs (368) grew up by 209%, and sales 
of long auger borings (479) grew up by 106.5%. As to 
concrete machines, concrete mixers (12000), concrete 
draw-pumps (4500), concrete pump vehicles (2500) and 
concrete mixing stations (1800), all grew up by more 
than 30%. 
On the base of more than 20 billion dollars in 2006, 
total sales in 2007 was expected to be 25 billion dollars, 
and products of all kinds were exported to 197 countries 
and regions, which expectedly made Foreign exchange 
earnings more than 8 billion dollars, 70% more than 5 
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billion dollars in 2006. The product exports were about 
25% of the total sales, and this tendency is still last yet. 
It is strongly expected to be 10 billion dollars next year. 
The situation of China construction machinery import 
and export showed that the total import increased every 
year, and it fell down slowly after the peak in 2004, and 
after increasing every year, the total export maintained 
general the same from 2005. Then, the structure of 
export has been improved, the proportion of whole 
machines rose from 45% in 2000 to 58.8% in 2005. The 
third, among the exporting enterprises, foreign-invested 
enterprises and joint ventures have been the main, 
whose exports taken up to 42% that of the total, state 
owned enterprises moved back to the second, who taken 
up 34% of the share, and not-state-owned firms also 
grew very fast, who have taken up 19% of the total 
export share. The last one, spare parts and fittings 
exported to American, Japan and South Korea increased, 
which shows that China construction machinery spare 
parts industry starts to enter the global industrial chain. 
But compared with foreign colleague, the following 
questions exist in China: big gap in control technology, 
non standard of corresponding basic parts (spare parts 
and fittings, components) and shortage of R & D costs. 

MINING MACHINERY 

Production Development 

Up to 2006, China's enterprises of hydraulic excavators 
have more than 30, producing a total of more than 150 
kinds of the excavator with quality from 1.3 to 120.0 
tons, including the state-owned enterprises, joint-stock 
enterprises, private enterprises, overseas-owned 
enterprises and Sino-foreign joint ventures[1]. 
In 2006, a total number of hydraulic excavators are 
50,034 in China, the sales reach 48,021, and the exports 
sales reach 7887. In 2005 a total of hydraulic excavators 
(not including mining loader 211), is 34,511 in China, 
the sales reach 33,642, and the exports sales is 3617. 
China's excavator product and enterprises in 2005-2006 
is shown in table 1 and table 2. 

Table 1 Excavator product classification and China's main 
production enterprises 

Product  Manufacturing Factory 
Crawler
excavator 

Komatsu, Hitachi Construction Machinery, 
Chengdu Kobelco, Caterpillar, Guizhou 
Zhanyang, Doosan, Hyundai, Sichuan 
Bonny Heavy Machinery Co., Ltd., 
Liugong, Xuzhou Xuwa Excavator 
Machinery Co., Ltd., Sany, Changsha 
Sunward Construction Machinery Co., 
Ltd., Yuchai 

Tire 
excavator 

Guizhou Zhanyang, Doosan, Hyundai, 
Chengdu Kobelco Construction Machinery 
Co., Ltd., Hitachi Construction Machinery

Table 2 China's main products excavator production and sales 
from 2005 to 2006(unit) 

Production quantity  Sales (unit) Product Name 
2005 2006 2005 2006

Crawler
excavator 

32289 47783 30899 45333

Tire excavator 2222 1865 2263 21687
Mining Loader 211 386 480 520
Total 34722 50034 33642 48021

Marketing and Sales 

Since 2000, the Chinese excavator market has grown by 
the superior speed. In 2000, all the sales of excavators 
of China's domestic enterprises were 7926, it reached 
34,800 in 2003 and it is 4.4 times larger than 2000. In 
2003, National excavator sales grew 76% over the 
previous year. In 2004, the sales of the excavator, 
compared to 2003, drop a little. National excavator sales 
in 2006 reached 48,021, and grew 40% compared to 
2005. In 2005, production of state-owned and private 
enterprises of various types of excavators in China's 
market share is 22 %. In 2006, it reached 26 %. 
In the sales of excavators, crawler excavator is much 
higher than the tire excavator. The market share of 
2005-2006 is shown in table 3. 
In 2006, the largest sales of excavator between 20 and 
22 ton is good, and it is 56% of total sales (64% for 
2004). Small hydraulic excavators which quality is less 
than or equal to 6 ton, in 2006, is 30% of the total sales 
of the hydraulic excavator, and small excavators 
increase. In 2006, hydraulic excavators which quality is 
more than 30 t or equal to 30 t, also increase in sales. 

Table 3 Crawler excavators and tire excavator of the market 
share from 2005 to 2006 

Market share (%) Product Name 2005  2006  
Crawler excavator 96 94 
Tire excavator 3 4.5 

Product Imports and Exports 

Exports of hydraulic excavator are 2561 in 2004, 3617 
in 2005, and increases 42% than last year. In 2006, 
exports is 7887, increases 118% than 2005. From 2005 
to 2006, China's import and export volume of excavator 
category in table 4. 

EARTHMOVING MACHINERY

Production Development 

Earthmoving machinery is composed of loader, 
bulldozer, grader, mine-used self-unloading truck. After 
many years continuous rapid development, the 
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development speed of the loader is still keeping. The 
growth of bulldozer and grader is fluctuant and is higher 
than loader in 2006. The growth of mine-used 
self-unloading truck is also high. Some results can be 
seen in Table 5 and 6. 

Table 4 China's import and export volume of excavator 
category from 2005 to 2006 

Imports (unit) Exports (unit)Product Name 
2005 2006 2005 2006

Crawler excavator 17689 27857 3592 7781
Tire excavator 320 530 25 106
Mining Loader 5 3  
Total 18014 28390 3617 7887

Table 5 Product sales of earthmoving machinery in 2005-2006 

Yield Sales Export Product 
classification 2005 2006 2005 2006 2005 2006
Loader 111290 131600 105836 126128 2821 4621

Bulldozer 6031 5931 5237 6063 523 1063
Grader 1731 2871 1711 2174 581 706 
Mine-used 
self-unloading 
truck 

431 496 393 475 56 118 

Table 6 Business income of China top 10 earthmoving 
machinery companies in 2006 (10000 dollar) 

NO. Enterprise name Income
1 Guangxi Liugong Machinery Co. Ltd. 65127 
2 China Longgong Holding Co. Ltd. 46474 

3 Chengdu Shengang Construction 
Machinery Co. Ltd. 43092

4 Xiamen Construction Machinery Co Ltd 41387 
5 Shantui Construction Machinery Co. Ltd 36508 

6 Shantui Lingong Construction 
Machinery Co. Ltd. 35309

7 Xuzhou Construction Technology 
Machinery Co. Ltd. 32300

8 Changzhou Co. Ltd.  18912 
9 Shandong Shangong Machinery Co. Ltd. 18254 

10 Shandong Changlin Machinery Group 
Co. Ltd. 15560

CONCRETE MACHINERY

China totally produced about pump vehicles 2,500, 
towed pumps 4500, concrete mixing carriers 12,000, in 
2006. From Concrete Machinery Branch of Chinese 
Constructional Machinery Industrial Association, 
products and sales in 2006 are shown in Table7 below. 
Concrete Pump Vehicles 

China has had rapid development on arm concrete pump 
vehicles in recent years, in aspects of stability and 

process, though not as good as foreign products. In 
aspects of cost-effective and after services and others, 
our products have distinctive competitive advantages, 
and are more suitable for the actual constructional 
situation in China. For example, the research and 
development of concrete pump vehicles in Zhonglian 
and Sany. Zhonglian has made “concrete pump vehicle” 
standard, and developed a remote maintainable and 
positioning system for pump vehicles. Concrete pump 
vehicles from Sany, whatever in aspects of pumped 
pressure, pumped displacement or stability, reliability, 
can be compared to products of famous brands abroad, 
pump machinery products having had hot sales to the 
Middle East, North Africa, South Asia and etc. 

Table 7 Products and sales of concrete machines in 2006 

No. Products Enter-
prises

Yields Sales

1 Concrete mixers 19 18220 16984
2 Concrete mixing 

stations
25 1911 1882

3 Towed concrete pumps 15 3865 3686
4 Concrete Pump 

vehicles
6 1985 1890

5 Concrete Mixing 
carriers 

10 5829 5626

6 Bulk cement carriers 1 1006 1040

The quality of hydraulic system, which is the core part 
of arm concrete pump vehicle, will directly affect the 
performance of the host. Hydraulic system of domestic 
arm concrete pump vehicle based on import of 
technology, has two kinds of control loops, one is 
closed-loop hydraulic system of Xuzhong, one is open- 
loop hydraulic system of Sany. Both open and closed 
loops with advantages and disadvantages, closed loop 
has little impact when reversing, little heat produced, 
simple structure; the most outstanding feature of open 
loop is that it can easily control the pump displacement 
according to load, especially when pumping in short 
distance, the pump capacity being big, taking full 
advantage of the engine power. Domestic concrete 
pump vehicles mainly choose hydraulic infrastructures 
from Europe and The United States, for example, 
hydraulic pumps and valves from REXROTH, 
PARKER, HAWE, while hydraulic components 
relatively seldom from Japan. 
With the improvement of conditions, continuous 
development of arm manufacturing technology, the 
long-arm, high-efficiency arm concrete pump vehicles 
are favored by more and more users, and in the next 
three to five years, demand for arm long below 
40-meter’ pump vehicle being going to drop, arm long 
of 45-meter, 48-meter becoming the mainstream, for 
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example, Sany having developed a 65-meter long 
concrete pump vehicle, becoming the enterprise 
manufacturing the longest arm concrete pump vehicle in 
the world. In addition, intelligent control system 
technology will become universal accessories of arm 
concrete pump vehicles. The expansion of pumping 
capacity and application will also become trend of the 
concrete pump vehicle development [2]. 

CONSTRUCTION CRANE 

Products Development 

The construction crane in China includes mobile crane, 
such as truck crane, all-terrain crane, crawler crane, 
truck-mounted crane, tire mounted cranes and cross 
country tire mounted cranes. In the recent years, 
Chinese construction machinery industry has witnessed 
a rapid development, as the mobile crane is one of the 
fastest developing crane types. China construction crane 
industry in 2006 creates greater glories, and has the 
historical record of China. 
Marketing and Sales 

According to the statistics of the construction crane 
branch association, sale number of various kinds of the 
mobile cranes in 2006 is 17403, increased by 34.1% 
compared with the last year shown in table 8. 

Table 8 Sales of the Construction Crane in 2006 

Sales  Percentage (%) Products 
Name 2006 2005 Growth

rate(%) 2006 2005 

Truck crane 14154 10805 31 81.3 83.2 
Truck-mounte
d crane 2591 1768 46.5 14.9 13.6 

Crawler crane 500 237 111 2.9 1.83 
Tire mounted 
cranes 158 171 -7.6 0.9 1.31 

Total 17403 12981 34.1 100 100 

Note: The data in the column of the truck crane includes full 
road crane. 

From table 8 we can find that the track crane takes the 
share of 81.3% of the four major cranes; we keep this 
product structure for many years. But the proportion 
assumes the declining tendency: 85.26% in 2004, 
83.24% in 2005, in 2006 the percentage dropped by 
1.94% compared with 2005. But the percentage of the 
track crane and the crawler crane in various kinds of the 
products continue to show an upward tendency. 
Truck Crane 

The major products of the construction crane of our 
country are truck cranes. The sale number exceeds 
14000 in 2006, which increases by 31% compared with 
last year; continues exceeding ten thousand for 3 years. 
Also the production series improved constantly and 

realized the marketing of 16 series of products from 8 to 
130 tons. Minor tonnage truck crane increases slowly by 
the extent, while middle and big tonnage truck crane 
increases are prompt. Table 9 shows the truck crane sale 
in 2006. 
The numbers of the all-terrain crane is small. With years 
of effort, Xugong and Changsha Zoomlion Co., Ltd, 
have developed the all-terrain cranes of 25t, 50t, 130t, 
160t, 200t, 240t, 300t and have gradually opened the 
domestic market. The all-terrain crane products in 
Xugong have expanded into international market. But 
the production of the cross country tire mounted cranes 
of our country is almost blank [3]. 

Table 9 Sales of the truck crane in 2006 (units) 

Type(tons) 2006 2005 Growth rate (%) 
8-16 7042 6171 14.1
20-55 6671 4383 52.2
65-80 320 187 71.1
100-130 110 58 89.7

Truck-Mounted Crane  

With the rapid development of the petrochemical 
industry, the petroleum, the chemical industry, the 
energy sources and large-scale municipal construction, 
the large truck-mounted crane market has been greatly 
stimulated. In the past, the large-tonnage truck-mounted 
cranes rely on imports. During the past two years, 
Chinese manufacturing enterprises have developed 
truck-mounted crane products actively. We have been 
able to produce a total number of 15 series such as 35t, 
50t, 70t, 80t, 100t, 150t, 160t, 200t, 250t, 300t, 350t, 
400t, 450t, 600t, 900t. The newly developed larger 
tonnage products have reached the advanced level of the 
similar products in the world. Also we get a number of 
independent intellectual property rights, the domestic 
brands was recognized by the vast numbers of 
customers. Also, the minor and middle tonnage of the 
products produced by our country has a competitive 
advantage with the brands abroad. We soled 500 in 2006, 
increased by 111% compared with 2005. Our countries’ 
main production truck-Mounted Crane enterprises such 
as Fushun excavator manufacturers limited liability 
company, Xuzhou Heavy Machinery Co., Ltd., 
Zoomlion Heavy Industry Science & Technology 
Development Co., Ltd., and Shanghai Sany increases 
rapidly. Currently the entire industry tries to develop the 
1600t scale truck-mounted Crane. More and more 
enterprises will join in the production of the 
truck-mounted crane. The top 4 enterprises of the 
truck-mounted crane can be seen from table 10. 
Export of Products 

The export of the construction crane had increased 
rapidly since 2005, and there was a decreasing tendency 
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of the imports. The entire industry export various of 
construction cranes and other construction machinery to 
a total number of 1022 in 2006, which increases about 
138% compared with last year; the general amount of 
money reaches 164 million US dollars, increased by 
237% compared with 2005. The Xuzhou Heavy 
Machinery Co., Ltd takes 61% of the general amount of 
money of the entire industry in 2006; 76% of the track 
crane exportation of the whole industry. The crane 
export in 2006 is shown in table 11. 

Table 10 The top 4 enterprises of the truck-mounted crane 
producers in 2006 

Name of the Enterprise Sales Export
Fushun Excavator Co. LTD 205 65 
Xuzhou Heavy Machinery Co. Ltd 137 35 
Shanghai SANY 122 18 
Changsha Zoomlion Co., Ltd 32 5 

Table 11 Export of construction crane exportation in 2006 

Products Numbers
(units)

Sum (10000 
US dollars) 

Truck crane 770 12008
Truck-mounted crane  124 233.5
Crawler crane 123 4050.9

HYDRAULIC COMPONENTS OF CONST- 

RUCTION MACHINERY

Chinese construction machinery products were imitated 
from Soviet Union Products basically in 1960s. For 
example, both single-bucket excavators, bulldozers are 
mechanical transmission, manual manipulation. 
Equipment moves are all driven by the winch wire rope, 
ponderous machinery, low productivity, labor-intensive 
operator. In 1963, Japan displayed a new wheel loader 
125A in China, and after the show, the machinery 
industry department is sent to the Tianjin Construction 
Machinery Research Institute to research imitation and 
stripped-down, and then gave the pattern to the Liugong
then Liugong manufactured the first wheel loaders in 
China. This is the first application of hydraulics in the 
field of construction machinery. Latter, a loader industry 
was gradually formed in 1970s, and up to now, the 
annual output has exceeded 100 thousand. Almost at the 
same time, fluid drive was applied in the field of 
bulldozer, grader and scraper, and make engineering 
machinery products look brand-new, technology have a 
qualitative leap. 
Hydraulic Components of Construction Machinery 

The development and the industry of the hydraulic 
components of construction machinery were mainly in 
the 1970s. After the reform and opening up, in order to 

shorten the gap between the advanced world level, 
Chinese construction machinery industry has introduced 
more than 170 items of advanced technology, in 
particular the new bulldozers, loaders key components 
through-train projects approved by the State Economic 
and Trade Commission, and 12 domestic enterprises 
jointly signed with U.S. Caterpillar company for an 
introduction of the Caterpillar bulldozers, wheel loaders, 
wheel skidding machinery, three categories of seven 
types of main manufacturing technology, which 
includes a hydraulic technology. Hydro-pneumatic and 
seal industry has also introduced into more than 40 
foreign advanced technologies during the "7-5" and 
"8-5" plan. The formation of specialized production at 
that time gave a strong impetus to the development of 
China's hydraulic components, after digestion and 
absorption; we have fundamentally changed the blank 
of China Construction Machinery Hydraulic 
components, although the manufacturing technology 
level is not very high, but can basically keep up with the 
needs of the host development. In the 1990s, because of 
the entry of foreign brands of construction machinery, it 
further promotes the development of construction 
hydraulic machinery. Such as: Park Muke 
(high-pressure pump gear), Eaton (hydraulic steering 
gear, vane pump, etc.), Naboco, Rexroth (walking, 
Rotary, up from the motor and reducer), Komatsu 
Almighty (cylinder), the entry of these enterprises, 
increased competition in the industry, but also promote 
the development of the Chinese local hydraulic parts. 
China's local enterprises also raise their technology 
continuously, such as the Jinan Hydraulic Pump 
Factory’s Asymmetric compensation radial-type gear 
pump and GBGJ series of gear pumps, Qingzhou 
Hydraulic Factory’s floating coaxial gear pump, CBZb, 
CBAa, CBGg series gear pump, Linhai Haihong 
Factory‘s valve products are all patent product, and with 
independent intellectual property, as well as the 
Xuzhou-hydraulic factory’s double-acting cylinder, and 
so on. All of them have taken a big step forward.   
Status Quo and Gap 

China's hydraulic parts of construction machinery have 
had a rapid development in recent years, and able to 
meet the needs of medium pressure and displacement 
host. For example: the largest sales wheel loader and the 
second sales forklifts and bulldozers, grader, tire cranes 
and other machines. At present, and even the hydraulic 
pilot valve and the corresponding distribution valve in G 
series of high-collocation loader’s, local enterprises 
have been able to production, resolve instead of imports. 
However, the medium level hydraulic parts of 
construction machinery, the quality is not stability 
enough, leakage occur from time to time, valve locking, 
cylinder scoring also occur from time to time, problems. 
China's hydraulic parts of construction machinery is still 
blankness in the high-tech products, hydraulic 
components which used in excavators, large-tonnage 
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truck crane, crawler cranes, concrete pumps, concrete 
pump truck, rotary drilling rig are still dependent on 
Imports. Most of them import from German company 
as: Bosch-Rexroth, Linde, Kawasaki, Toshiba, KYB, 
Parker, Sawa, Eaton, and so on. Variable displacement 
pump and motor used in the variable hydraulic system 
of excavator, integral multi-way valve, high-pressure 
cylinder and other load-sensing and proportional control 
components are all urged to be developed. 
The Next Work 

To improve the overall quality of corollary parts, it is 
important to improve the parts of small excavator. One 
reason is that, the output of the excavators growth fast 
in recent years, market demand expand, the output 
growth 10 times in the past 10 years, annual sales is 
34,000 sets in 2005, and 45,000 sets in 2006. Second, 
because excavator has a high technology, the corollary 
parts also have a high requirement. Third, because the 
key corollary parts almost dependence on foreign 
countries to offer, so the price is high, and delivery time 
can not be guaranteed. These restrict the development of 
excavator industry. Forth, if we make a breakthrough at 
the corollary parts of Excavator, the corollary parts of 
other machines would be solved easily. 
The difficulty of corollary parts of excavator is variable 
hydraulic components. The pressure and flow are 
comparatively small in small excavators system. It is 
relatively easy to solve. Branch of Construction 
Machinery Organization have already held two seminars 
about corollary parts of small Excavator. In the meeting, 
corollary parts Branch have put forward the strategic 
objectives for conquer the small-scale hydraulic 
excavator: the first step, expect in three to five years, 
that is, during the 11th Five-Year Plan, conquering 
components used in 10t within 30 MPa variable system; 
in another three to five years to conquer the components 
used in more than 10t the system pressure more than 30 
MPa system. 

PROSPECT OF CONSTRUCTION MACHINERY

Construction machinery industry is investing-pulling 
type, which have closer relations with total fixed asset 
investment scale, especially infrastructure construction 
and real estate investment. China is still a developing 
country, and it should be sustained at least 15 to 20 
years or more for large-scale infrastructure construction 
and urban development. During the "11th Five-Years 
Plan" (2006-2010), investments exceed that in the "tenth 
Five-Years Plan" (2001-2005) in transportation, water 
power, electric power, energy base construction, 
environmental protection, urban construction, national 
defense building, which will effectively drive the stable 
development of the construction machinery industry. 
China's mechanization level of building operations is 
still far lower than developed countries, if it is counted 
by the number of engineering machinery per country’s 

land area or per capita, the gap between developed 
countries and China will be father. For example, in 2005 
China's market sales of earthmoving machinery was 
about 16 million units, 1.2 per 10,000 people; contrast 
to 7 per 10,000 people in North America; Germany 3; 
Sweden 3.1; Netherlands 2.8; Belgium 3.7 Taiwan; 
Denmark 8. 
The country’s land area of China is 25 times that of 
Japan's and Chinese population is 13 times that of Japan. 
In 2005 China's total sales of grabs, shovel loaders, 
cranes were only 2.3 times that of Japan. Now the 
number of grabs in use in Japan is about 570,000 units, 
which is about double that of China. So in the process of 
becoming the economic power of modernization, the 
market forecasting capacity of engineering machinery is 
quite large. 
From the worldwide economic development, Japan’s 
and the European engineering machinery market 
finishes years’ hovering and goes to recovery, the 
development of North American market is strong, the 
markets grow fast in the Middle East, Latin America, 
Southeast Asia, Central Asia and other regions, it is  
forecasted that the world engineering machinery market 
will be the steadily increasing in the next five years, 
which will be a good opportunity for Chinese 
engineering machinery enterprises to expand overseas. 
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ABSTRACT 

A numerical model of reciprocating fluid power seals has been developed. It has been applied to a variety of hydraulic 
rod seals, although it could also be used to simulate hydraulic piston seals as well as pneumatic seals. The model is soft 
elastohydrodynamic and consists of coupled fluid mechanics, contact mechanics, deformation mechanics and thermal 
analyses. Results for typical rod seals show that these seals operate with mixed lubrication between the rod and seal 
surfaces, and that the roughness of the seal plays a major role in determining the leakage characteristics of the seal. For 
a given seal design and set of operating conditions there is a critical seal roughness, below which there will be zero net 
leakage per cycle and above which the seal will leak. 

KEY WORDS 

Seals, Rod seals, Soft elastohydrodynamics 

NOMENCLATURE 

E  elastic modulus 
F  cavitation index 
H  dimensionless average film thickness, h/
Hs  static undeformed film thickness, hs/
HT  dimensionless average truncated film thickness, 
   hT/
I1  influence coefficient for normal (radial)   
  deformation 
L  length of solution domain in x-direction 
P  dimensionless fluid pressure, p/pa
pa  ambient pressure 
Pc  dimensionless contact pressure for deformation 
   analysis, pc/E 
Pdef  dimensionless fluid pressure for deformation  
  analysis, P(pa)/E 
Psc  dimensionless static contact pressure, psc/E

Psealed  dimensionless sealed pressured, psealed/pa 
Pt  dimensionless total pressure, Pdef + Pc

q̂  dimensionless flow rate per unit circumferential 
  length, 12 0qL/[(pa) 3]
R  asperity radius 
U  surface speed of rod 
x̂    dimensionless axial coordinate, x/L 
ˆ   dimensionless pressure-viscosity coefficient, pa

   fluid pressure/density function, defined by Eqs. 
   (2) and (3) 

s ,c ,x  shear flow factor 

xx  pressure flow factor 
0   viscosity at atmospheric pressure 
ˆ   dimensionless density, / l

l  liquid density 
ˆ    dimensionless rms roughness of sealing element 
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  surface, R1/3 2/3

   Poisson’s ratio 
  dimensionless rod speed, ( 0UL)/[(pa) 2]
   asperity density 

INTRODUCTION

Fluid seals play important roles in fluid power systems, 
since excessive leakage can degrade performance and, 
most importantly, pollute the environment. The present 
paper is concerned with linear reciprocating seals, 
which are used in linear actuators as rod and piston seals. 
A significant amount of research on hydraulic 
reciprocating rod seals, both experimental and 
theoretical, has been performed since the 1960’s, e.g. 
[1-13]. However, it is only in the last few years, with the 
advent of modern computational techniques, that it is 
possible to analyze the detailed behavior of these seals. 
While most previous theoretical studies assume that full 
film lubrication exists between the seal lip and the shaft, 
and the sealing surfaces are perfectly smooth, the 
present study shows that mixed lubrication occurs and 
the seal surface roughness plays an important role in 
determining whether or not a seal will leak. In the 
present study, a numerical model of reciprocating fluid 
power seals has been developed. It has been applied to a 
variety of hydraulic rod seals, although it could also be 
used to simulate hydraulic piston seals as well as 
pneumatic seals. In this paper, only a double lip U-cup 
seal is considered. 

ANALYSIS 

A typical double lip U-cup hydraulic rod seal is shown 
in Fig. 1. The rod is assumed to be perfectly smooth, 
while the seal lip is treated as rough. This is reasonable 
since during the run-in period, the rod is polished to a 
very smooth finish. 

Figure 1 Rod seal 

The fluid mechanics of the sealing zone is governed by 
the Reynolds equation. Noting that the seal is 
axisymmetric, and that the film thickness is very small 
compared to the seal radius, the flow is modeled as 
one-dimensional in a Cartesian coordinate system. Since 
cavitation may occur, the following form of Reynolds 

equation is used [14]. 

ˆ3 F
xx

s.c.x
T

d dF[ H e ]
ˆ ˆdx dx

dd6 1 1 F H F
ˆ ˆdx dx

         (1) 

In the liquid region, 

0 F 1 and P           (2) 

In the cavitated region, 

ˆ0 F 0 and P 0, 1      (3) 

For the primary and secondary lips, the boundary 
conditions are, 

primary sealed

int erlip

ˆP at x 0
ˆat x 1

       (4) 

sec ondary int erlip ˆat x 0
ˆ1 at x 1

   
The flow factors xx and s.c.x  are functions of the 
ratio of the film thickness to the roughness amplitude 
and the roughness geometry (aspect ratio and 
orientation of the asperities), and are obtained from [15, 
16].  

Equations (1)-(4) are solved for  and F using a 
micro-control volume finite difference scheme, for 
given values of H, xx  and s.c.x , using the 
tri-diagonal matrix algorithm (TDMA).  This yields the 
pressure distribution and the location of cavitation 
zones. 

Once  and F are obtained, the flow rate (per unit 
circumferential length) through the film (giving the 
instantaneous leakage rate) can be found from, 

ˆ F 3
xx T s.c.x

dFq̂ e H 6 1 1 F H F
dx

   (5) 

The flow rates past the two lips must be equal. 

Since significant asperity contact may occur (mixed 
lubrication), it is necessary to add an asperity contact 
pressure to the hydrodynamic pressure in computing the 
normal deformation and film thickness. This contact 
pressure is computed using the Greenwood and 
Williamson surface contact model [17]. Assuming a 
Gaussian distribution of asperities, 
                                     

Sealing zones 
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23 z3
2 22c 2 H

4 1 1ˆP z H e dz
3 21

   (6)

                                                             
 To compute the film thickness distribution, it is 
necessary to compute the radial (normal) deformation of 
the sealing element. Since this will be done within an 
iteration loop, it is necessary to use a computationally 
efficient method. The influence coefficient method has 
been chosen. With this method it is recognized that the 
deformation at any location is proportional to the forces 
applied at every location. Thus, in discretized form with 
n axial nodes across the sealing zone, the film thickness 
at the ith node can be expressed as,  
                                                

ksctik1
n

1k
si )PP()I(HH       (7)

    
The proportionality factors (I1)ik, the “influence 
coefficients,” are computed off-line using a commercial 
finite element analysis code. Thus, the on-line model 
contains only linear algebraic equations. The pressure Pt 
is the sum of the fluid pressure and the contact pressure 
due to contacting asperities. Psc is the static contact 
pressure distribution, also computed off-line with a 
commercial finite element analysis code. 

The static film thickness, Hs, is computed by equating 
the static contact pressure obtained from the finite 
element analysis for smooth surfaces under pressurized 
conditions, Psc, with the contact pressure distribution 
computed from Eq. (6) under static conditions [18]. 

In some computations, a thermal analysis is also 
included. It involves an analytical solution to the 
classical thermal conduction equation for a moving heat 
source, treating the rod as a semi-infinite body and 
neglecting heat transferred into the seal. Heat generation 
through both viscous friction and contact friction is 
accounted for. The computed interface temperature is 
used to evaluate the fluid viscosity in the sealing zone. 

Since the equations discussed above are strongly 
coupled, it is necessary to use an iterative computational 
procedure, as shown in Fig. 2.  

RESULTS 

Injection Molding Application 

Computations have been performed for a typical seal in 
an injection molding application, with base parameters 
of: E = 43 x 106 Pa,  = 0.49, psealed = 6.90 MPa (1000 
psi), U = 0.635 m/s (25 in/s) outstroke, U = -0.813 m/s 
(-32 in/s) instroke, 0 = 0.043 Pa s,  = 20 x 10-9 Pa-1,   

Figure 2 Computational procedure 

R = 1.0 m,  = 1014 m-2, f = 0.25, rod diameter = 88.9 
mm (3.5 in), stroke length = 1.93 m (76 in), seal width  
= 6.8 mm (0.27 in). The seal roughness is assumed to be 
isotropic. As pointed out in the Analysis section, the rod 
is treated as perfectly smooth. 

Figure 3 contains a plot of the fluid transport during 
outstroke and instroke for the double lip seal. (The fluid 
transport past the secondary seal is the same as that past 
the primary seal, since this is a steady state analysis.) As 
can be seen, the difference between the fluid transport 
during outstroke and instroke, the net leakage per cycle, 
is strongly dependent on the seal roughness. For zero 
net leakage, the instroke fluid transport must exceed the 
outstroke transport. This occurs at values of rms seal 
roughness below a critical roughness of approximately 
0.3 μm. For higher values of roughness, this seal will 
leak at the given operating conditions. 
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Figure 3 Fluid transport vs. seal roughness 

From Fig. 3 it is seen that a seal with a roughness of 
0.22 μm is non-leaking. Figure 4 shows the film 
thickness distributions under the primary lip during 

primary lip

 input operating conditions 

 input initial guesses 

 fluid mechanics analysis 

 contact mechanics 

 update film thickness 

 deformation analysis 

 auxiliary calculations 

 thermal analysis 

secondary lip 

 input operating conditions 

 input initial guesses  

 fluid mechanics analysis 

 contact mechanics  

 update film thickness 

 deformation analysis  

 auxiliary calculations  

 thermal analysis  

 compare flow rates  

 output 

 update interlip pressure  
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outstroke and instroke, for such a seal. These indicate 
that mixed lubrication exist, since the film thickness is 
less than 3 . It is also seen that the film thickness is 
larger during the instroke than during the outstroke. This 
promotes effective sealing, since it reduces the 
resistance to flow during the instroke compared to the 
outstroke. 
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Figure 4 Film thickness distribution, primary lip,  = 
0.22 μm 

The film thickness distribution under the primary lip for 
a leaking seal, with a roughness of 0.6 μm, is shown in 
Fig. 5. Here, again, mixed lubrication exists. However 
in this case the sealing zone is shorter during the 
outstroke than during the instroke (due to an elevated 
interlip pressure), and the film thickness during the 
instroke and outstroke have about the same values at  
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Figure 5 Film thickness distribution, primary lip,  = 
0.60 μm 

corresponding locations. This is a less favorable 
characteristic, compared to the non-leaking seal. 
Figure 6 shows the static contact pressure, dynamic 
contact pressure and fluid pressure distributions under 
the primary lip for the non-leaking seal during the 
outstroke. The fluid pressure is zero over a large portion 
of the sealing zone, indicating the occurrence of 
cavitation. This is a favorable characteristic, since 
cavitation restricts the flow of fluid out of the cylinder. 
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Figure 6 Pressure distributions, primary lip,  =  
0.22 μm, outstroke 

The pressure distributions for the same seal during the 
instroke are shown in Fig. 7. Here it is seen that the 
extent of cavitation has been greatly reduced. This is 
favorable, since cavitation during the instroke tends to 
prevent fluid from being drawn back into the cylinder.  
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Figure 7 Pressure distributions, primary lip,  = 
 0.22 μm, instroke 
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Figures 8 and 9 contain the corresponding outstroke and 
instroke pressure distributions for the leaking seal. The 
behavior is opposite to that of the non-leaking seal. 
During the outstroke there is no cavitation, allowing 
unrestrained flow out of the cylinder, while during the 
instroke there is extensive cavitation, tending to prevent 
fluid from being drawn back into the cylinder. 
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Figure 8 Pressure distributions, primary lip,  =  
0.60 μm, outstroke 
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Figure 9 Pressure distributions, primary lip,  = 
 0.60 μm, instroke 

Conventional Actuator

In the above injection molding application, the sealed 
pressure is the same during the outstroke and the 
instroke (6.90 MPa). Computations have also been 
performed for a conventional actuator in which the 
sealed pressure is ambient during the outstroke and a 
range of specified values during the instroke. The seal 
has the same geometry as that in the injection molding 

application but is smaller, with a rod diameter of 44 mm 
(1.75 in) and a stroke length of 0.23 m (9 in). 

The net leakage (per cycle) versus rod speed is shown in 
Fig. 10 for a sealed pressure of 6.90 MPa (1000 psi) and 
varying roughness. The leakage is highest at the lowest 
speeds; as the speed is increased the leakage decreases 
until the critical speed is reached, at which point there is 
zero leakage. At a given speed, the higher the seal 
roughness, the higher is the leakage. 
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Figure 10 Leakage per cycle vs. rod speed, ps = 6.9 MPa  

Figure 11 shows a similar plot of net leakage versus rod 
speed, but for a seal roughness of 0.9 m and varying 
sealed pressure. At a given speed, the higher the sealed 
pressure, the higher is the leakage. Similar to figure 4, at 
each sealed pressure, as the speed is increased the 
leakage decreases until the critical speed is reached, at 
which point there is zero leakage.  
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The critical speed vs. seal roughness is shown in Fig. 12 
for varying sealed pressure. It is seen that the critical 
speed increases with both increased roughness and 
increased sealed pressure. 
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CONCLUSIONS

The results of this study indicate that typical rod seals 
operate with mixed lubrication in the interface between 
the rod and the seal, and the roughness of the seal 
surface plays a major role in determining the leakage 
characteristics. For a given seal design and set of 
operating conditions there is a critical roughness, below 
which there will be zero net leakage per cycle. For a 
given seal design, there is a critical rod speed, above 
which there will be zero net leakage per cycle. That 
critical speed is dependent on the seal roughness and 
sealed pressure.  

The results also indicate that there are a number of 
characteristics that promote zero or reduced leakage in 
rod seals: small seal surface roughness, small 
lubricating film thickness, thicker film during outstroke 
than during instroke, cavitation in film during outstroke, 
and no cavitation or reduced cavitation during instroke. 
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ABSTRACT 

In water hydraulic systems, requirements for better energy efficiency call for the development of variable displacement 
axial piston pumps. Most axial piston units utilizing water as pressure medium lack the possibility of adjusting the 
swash plate tilt angle because of difficulties in constructing robust water compatible swash plate pivot bearings. Without 
smooth enough adjustment motion, the lubrication conditions between the swash plate and the piston slipper pads 
become disturbed and loss of fluid film may lead to early pump failure. 

This study reports on measurements made with a test rig built for investigating tribological phenomena in variable 
displacement axial piston pumps. In the tests, the effects of changing the swash plate tilt angle were measured in a test 
setup with constant high pressure which loaded the piston. Lubricating film thickness and lateral force acting on the 
piston were measured together with changes in these quantities in response to changes in swash plate tilt angle. 

KEY WORDS  

Water hydraulics, Axial piston pump, Slipper-Swashplate contact 

NOMENCLATURE 

Fpiston : total force acting in piston axis direction [N] 
Fsp  : force perpendicular to swashplate [N] 

: swashplate angle [deg] 

INTRODUCTION 

Modern water hydraulics should provide reliable fluid 
power components that operate with pure water and thus 

represent an environmentally friendly alternative to the 
oil hydraulics. Compared to mineral oil, water has lower 
viscosity and lower viscosity-pressure coefficient which 
makes good lubrication more difficult to achieve. The 
kinematic viscosity of oil is approximately 30 times that 
of water at representative operating temperatures. 
Consequently, clearances for sealing surfaces must be 
much smaller than for oil hydraulics to obtain sufficient 
volumetric efficiency. However, smaller clearances 
increase risk for direct contact between sliding surfaces, 
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higher friction and wear or component failure. [1] 

In [2] water hydraulic pumps on the market are explored. 
Of the several different water hydraulic pumps that are 
on the market at the moment, most of them are oil 
lubricated piston pumps and only a few of the pumps 
are totally water lubricated. Water lubricated pumps are 
usually axial piston pumps with fixed swashplate angle. 

To increase the overall efficiency of the system, variable 
displacement axial piston units are widely used basic 
components in oil hydraulics nowadays. Axial piston 
type units are very competitive also in modern water 
hydraulic pumps and motors. In mobile machines most 
of the units are axial piston design at the moment. 
However, there are not commercial variable axial piston 
pumps or motors for water hydraulics which is a 
significant problem in certain applications. [3] 

Lubrication conditions between the swashplate and the 
slipper pad have been studied in many researches. Most 
of the researches were made using oil as pressure 
medium. Research has also been made with water based 
fluids. Li, Donders and Kazama have studied lubricating 
conditions using water or HFA-fluid in axial piston 
pumps [4,5,6]. All of these articles discuss pumps with 
constant swashplate angle. 

The main objective of this study was to measure the 
water film thickness between the swashplate and the 
slipper pad and to record the basic effects caused by the 
adjustment of the swashplate angle. 

TEST CONDITIONS 

The structure of the test rig in this study allows 
changing the angle of the swashplate during 
measurements. The test rig that was used in 
measurements is shown in Figure 1. More information 
about the test rig is presented in [2]. 

Figure 1 Test rig 

The slipper pad is made of PEEK and the inner diameter 
of the sealing land is 9.90 mm and the outer diameter is 

18.35 mm. The theoretical hydrostatic balance of the 
slipper is 0.729. Measured leakage for one 
piston-slipper pair is approximately 0.2 L/min with 10 
MPa pressure difference. Surface roughness of the 
swashplate is Ra=0.22-0.24 m. 

Gap heights are measured outside of the slipper pad 
which makes changes of the water film more clear to 
see because of the geometric conditions. Measurements 
are made with three eddy current sensors with 1 mm 
measuring ranges (S1, S2, S3). Resolution of the 
sensors is 0.05 μm and static repeatability 0.1 μm. 
Dimensions of the test conditions are shown in Figure 2. 
Figure 2 also shows the locations of the sensors and the 
corresponding angular coordinates. The angular 
coordinate is used in reporting the results. 

Figure 2 Dimensions of the test system and the slipper 
pad

Measured values are converted to the clearances 
between slipper pad and swashplate at points K1, K2, 
K3. With these points minimum gap height and location 
of the minimum gap can be calculated. Maximum gap 
located 180 degree clock wise from the minimum point. 

EXPERIMENTAL RESULTS

The following figures show the computed gap between 
slipper pad and swashplate at the three clearance points 
(K1, K2, K3), at the center of the slipper (Av) and also 
the minimum value (Min). Figure 3 shows the reference 
measurements with 0 degree swashplate angle. The 
angular locations of the minimum and maximum values 
of the clearance during measurements are also plotted. 

Measured gap heights can be compared to values 
computed assuming parallel gap flow [2]. With the 
present slipper dimensions and 10 MPa pressure 
difference, a leakage flow of 0.2 L/min corresponds to 
an average gap height of 7 m. 
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Figure 3 Gap heights of the slipper pad points with 1000 
rpm, 0 degree swashplate angle and 10 MPa pressure 

difference 

According to references [5] and [7] gap height is highest 
at inner edge and smallest at outer edge. Slipper is tilted 
backwards which means that gap height on the leading 
edge is higher than on the trailing edge. Measurements 
in this case show different kind of orientation as the 
Figure 3 shows. There could be some deformation at 
slipper pad or zero position is not exactly same as 
measured in 5 N load on dry circumstances.  Minimum 
clearance is located about 129 degrees and maximum 
clearance located at 309 degrees (see Figure 2). 

Orientation of the slipper pad is measured with four 
different constant swashplate angles: 0, 5, 10 and 15 
degrees. Figure 4 shows the orientation of the slipper 
pad with 5, 10 and 15 degrees swashplate angle. Both 
measurements conditions are made in the following 
order: first adjustment of swashplate angle, then 
application of load pressure and finally setting the 
rotation speed. 

Comparison between Figure 3 and curves at Figure 4 
shows that there is not big difference at gap heights 
between different swashplate angles. Gap height 
changes are within 2 μm and at average gap height 
changes only under 1 μm. Also locations of the 
minimum and maximum points are almost same; 
difference is only a few degrees. That is obvious 
because contact between swashplate and slipper pad can 
carry only perpendicular load. Change at this 
perpendicular force is quite small. For example in our 
construction with 10 MPa, force change between 0 and 
10 degrees angle is only 1.5 % (2084N  2116 N) 
according to Eq. (1). 
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Figure 4 Gap heights of the slipper pad points with 1000 
rpm, 5, 10 and 15 degrees swashplate angle and 10 MPa 

pressure difference 

Situation is not exactly the same if 10 degrees is 
achieved during operation as Figure 5 and Figure 6 
shows. Changes in gap heights are very smooth during 
turning process. Both for 0.2 MPa 10 MPa pressure 
orientation of the slipper pad is not exactly same before 
and after steps. Structure of the spherical joint is 
important for sliding conditions. Because of frictions of 
the spherical joint orientation of the slipper pad depends 
on turning direction and speed of the swashplate. In 
actual pumps the phenomenon is not significant because 
of low pressure area. It could be assumed that during the 
suction stroke orientation of the slipper pad is returned 
to the normal sliding position. 

Figure 5 and Figure 6 shows the gap heights during 
swashplate turning with 0.2 MPa and with 10Mpa. 
Those figures also show that during step 0° to 10° 
average gap height reduces. During step to 10° to 0° gap 
height rises but overall changes are quite small. Friction 
force to X-direction is measured during swashplate 
change. Change of the friction force is about 30 N at 10 
MPa pressure difference. Impact is of the same order as 
when pressure changes from 0.2 MPa to 10 MPa, which 
is about 40 N. Minimum and maximum gap height 
positions are almost same with both pressure levels, but 
location changes few degrees depending of swashplate 
angle. 
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Figure 5 Gap heights during swashplate turning with 0.2 
MPa load pressure. 1000 rpm 
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Figure 6 Gap heights during swashplate turning with 10 
MPa load pressure. 1000 rpm 
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Figure 7 Gap heights during swashplate turning and 
pressure changes. 1000 rpm 

Figure 7 shows changes during swashplate changes 
(from 10 degrees to 0 degree and back to 10 degrees) 
and after that during pressure changes from 10 MPa to 
0.5 MPa and back to the 10 MPa. It could be seen that 
effect of pressure level is more significant than effect of 
the swashplate turning or effect of the swashplate angle. 

CONCLUSION 

In this paper experimental results on water film 
thickness measurements in an axial piston unit test rig 
were reported. It was shown how the swashplate angle 
affects the gap heights between swashplate and slipper 
pad. Constant angles in the range from 0 to 15 degrees 
have no big influence to the gap height or orientation of 
the slipper. Also effect of the 10 degrees step response 
of the swashplate angle is not significant for lubrication 
conditions. Pressure level of the pump is more 
important factor than swashplate angle. 

Turning speed and turning direction of the swashplate 
under load pressure have an influence to the orientation 
of the slipper pad and more research in different 
conditions is needed to find that out. Also pressure cycle 
is interesting to research in future. 
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ABSTRACT 

In order to apply the water hydraulic drive system to the precision die casting machine, the system with accumulator 
and logic valves are examined. As the pressure medium, water is environmental friendly, but it has disadvantage, e.g. 
leakage due to low viscosity, low lubricity and so on.  
In this report, the friction force acting on logic valves were taken into account in the mathematical model, because for 
the purpose of prevention of leakage on logic valve two or three O-ring seals were used instead of labyrinth seal used in 
oil hydraulic logic valve. The validity of the mathematical model is assured by experimental results. Afterward the 
model is introduced into the mathematical model of whole high speed cylinder drive system and characteristics of the 
system is examined. 

KEY WORDS  

Key words; Water Hydraulics, High Speed Drive, Logic Valve, Mathematical Model, Friction Force 

INTRODUCTION 

Water hydraulics is a new power source having very 
high environmental friendliness that cannot achieved by 
conventional hydraulic systems while it has some 
technical problems to be solved. Japan Fluid Power 
System Society (JFPS) and Japan Fluid Power 
Association (JFPA) were and still are promoting its 
efficient application and supporting concerning projects. 
These several years are devoted to reveal the 
performance and the problems of conventional water 
hydraulic devices with practical experiments. In this 
project, the aim was 1) to know how high cylinder 
speed we can achieve, and 2) to clarify the obstacles 

which must to be solved in future.  
In references [1], [2], we examined how to apply the 
water hydraulic technique for the injection and the 
dwelling processes of the hydraulic die casting machine. 
It was shown that the cylinder velocity is enhanced by 
three fold to seven fold by using the circuit combining 
the proper accumulator as auxiliary power source and 
logic valve than the case for using only directional 
control valve. Also we showed that the feasible highest 
cylinder velocity at medium supply pressure range up to 
14MPa was 4.5m/s and at the water hydraulic cylinder 
stroke end the pressure rise was observed[3].  
In this paper, our objectives are: 1) to establish the 
mathematical model of the water hydraulic system using 
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logic valves, 2) to investigate pressure response in 
circuit and 3) to estimate pressure rise which occurs at 
the stoppage of the cylinder by simulation.  

SWITCHING CHARACTERISTICS OF LOGIC 
VALVE 

Mathematical model 
In this research two types of logic valve, as shown in 
Figure 1, are used. Figure 2 shows the experimental 
circuit for testing the switching characteristics of logic 
valve.  
The mathematical model of water hydraulic logic valve. 
which consists of continuity equations, equation of 
motion and equations on the relation between flow rate 
and pressure drop across the orifice, is similar to one for 
oil hydraulic logic valve [4]. Only the model of friction 
force is deferent, because for the purpose of prevention 
of leakage in water hydraulic logic valve, two or three 
O-ring seals were used instead of labyrinth seal used in 
oil hydraulic logic valve. The friction model is given as 
follows; 

1 2( ) ( )R N R N R NF F x F x     1

1R N s
xF F

x

              2

2

f r i

R N

s d f r i

f o r x V

F x F F f o r x V
x

where FRN1 is the static friction term, FRN2 the dynamic 
friction term, Fs the maximum static friction force, Fd 
the dynamic friction force and the connecting factor.  
In water hydraulic logic valve, O-ring seals are used to 
prevent the leakage through the clearance between the 
valve body and the bush. Deformation of O–ring is 
influenced by pressures acting both sides of O–ring. 
During the opening operation, the pressure of one side 
of O-ring is high, while the other side pressure is tank 
pressure. On the other hand, during the closing 
operation pressures on both sides are high. In order to 
take into the consideration of this situation, different 
values of Fs and Fd are adopted as shown in Table 1.  

Results of simulation and experiment 
As a example of experimental result, the displacement 
of valve body and pressures are shown in Figure 3 for 
Form A valve with fixed orifice Rx = Rt = 1.5mm and 
load pressure 13MPa. From experimental results 
conducted  under  changing  the valve shape,  load  

(a) Form A 

                                                     

(b) Form A 
Figure 1 Water hydraulic logic valve 

Figure 2 Experimental circuit 

Port B

Port A 

bush

Port

Port

Valve body 

Port Y

Port

bush

Valve body 
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Table 1 Friction force vs. pressure  
Friction force (N) 

(valve open) 
Friction force (N)

(valve close) 
Pressure

(MPa) 
Fs1 Fd1 Fs2 Fd2

13 2600 1400 210 150 
9 2200 1200 207 140 
4 2000 800 207 130 

Figure 3 Experimental result 

Figure 4 Resultsof simulation 

2) the increase of load pressure make the closing time 
pressure and flow direction, it is seen that 1) the increase 
of load pressure make the opening time shorter, shorter 
in Form A valve and longer in Form B valve, 3) the 
opening and closing times for flow direction from A-port 
to B-port are shorter than ones for flow direction from 
B-port to A-port. 
Figure 4 shows the result of simulation for Form B valve 
with fixed orifice Rx = Rt = 1.5mm and load pressure 
13MPa. Figure 5 shows the comparison of the 
experimental and simulated displacements. 
From Figure 4, it is seen that the opening and closing  

Figure 5 Comparison of experimental and simulated 
results 

times given from simulation coincide with experimental 
results well. Experimental results on pressure variations 
are not shown here, they coincide well with results of 
simulation shown in Figure 4.  
From these results the validity of the mathematical 
model is confirmed. Then, the dynamic characteristics of 
the water hydraulic system for high speed cylinder drive 
will be discussed in the next section. 

CHARACTERISTICS OF WATER HYDRAULIC 
HIGH SPEED CYLINDER DRIVE SYSTEM 

Experimental setup 
Experimental apparatus and circuit are shown in Figure 6. 
This system is divided into three parts: the water supply 
unit, the water hydraulic cylinder and the load simulator 
unit. In the water supply unit, a fixed displacement axial 
piston pump is driven by the induction motor and 
43.5L/min of flow is supplied at 1540rpm. The pressure 
rating of this circuit is 14MPa.  
The high speed cylinder control circuit consisting of the 
accumulator and two logic valves is connected to the 
pump. The rod of the water hydraulic cylinder is 
connected to the same size oil hydraulic cylinder, which 
simulates the injection and the dwelling processes by 
loading the hydraulic cylinder. The load simulator is 
constructed with hydraulic cylinder and unload valve, 
and the PC controls the load/unload signal of this unit. 
The experimental parameters are as follows(see Fig.6): 

discharge pressure of pump(no.3) are set by the relief 
valve(no.10) 
load pressure (no.29) by the relief valve (no.31) 
pilot flow of logic valve (no.15) by changing the 
orifice (no.14) in pilot valve (no.12) 

The following items are measured : 
rod and head pressure of water hydraulic cylinder 
(P28C, P28D) 
cylinder displacement x
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Figure 6  Water hydraulic high speed drive system 

In this system, pressures acting two valves, 15A and 15B. 
For the logic valve 15A which delivers high pressure 
water to the cylinder head side port, high pressure in 
accumulator act at the port A and the load pressure in 
cylinder head side chamber at the port B. For the logic 
valve 15B which delivers the water from the cylinder rod 
side port to tank, the pressure in cylinder rod side 
chamber act at the port A and the tank pressure at the 
port B. Since B-port pressure (load pressure) of valve 
15B is lower than the load pressure of valve 15A, valve 
15B start moving later than valve 15A as explained 
before. Therefore pressure surge occurs in the cylinder 
head chamber. To avoid the pressure surge, it is 
necessary to operate the pilot valve 14B, which drives 
the logic valve 15B, some interval earlier than the pilot 
valve 14A, which drive the logic valve 15A. 
In order to decide the proper time interval in the design 
stage, the mathematical model of the logic valve 
discussed before is used for the simulation of dynamic 
characteristic of whole water hydraulic high speed 
cylinder drive system 
The rod of the water hydraulic cylinder is connected to 
the same size oil hydraulic cylinder, which simulates the 
injection and the dwelling processes by loading the 
hydraulic cylinder. The load simulator is constructed 
with hydraulic cylinder and unload valve, and the PC 
controls the load/unload signal of this unit. 

Experimental results 
Figure 7 shows the cylinder displacement and the 
pressure responses for 2.0mm orifice diameter and 
14MPa supply pressure and Figure 8 its close-up. 
From Fig.6, the cylinder velocity decreases and the head 
pressure in the cylinder increases rapidly at the end of 
cylinder stroke. This is the surge pressure. Another 
pressure rise can be also observed at the rod/head of the 
cylinder when the rod starts to move. This comes from 
the time delay between two logic valves. This is due to 
the difference of the forces acting both valve bodies. 
Before opening the logic valves, logic valve (no.15A) is 
pressured by the supply pressure while the other 
(no.15B) by the return pressure from the water hydraulic 
cylinder. The former is much higher than the latter. 
Therefore the pressure in cylinder head rises as the logic 
valve (no.15A) opens because the logic valve (no.15B) is 
still closed. To suppress this pressure rise, we opened the 
pilot solenoid valve (no.12B) earlier than the no.12A so 
that this time lag would be decrease 
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Figure 7  Cylinder displacement and pressure behavior 

Figure 8  Cylinder displacement and pressure behavior 
(close-up) 

Figure 10 Results of simulation 

(a) displacement and pressures 

(b) Flow rates 

(c) Displacements of logic valves  
Figure 9 Results of simulation 

Discussion 
Figure 9 shows the result of simulation when both pilot 
valves, 14A and 14B, operate simultaneously. Figure 9a 
shows pressures in cylinder head side chamber and rod 
side chamber P28D and P28C, pilot pressures P14A and 
P14B, load simulator pressure P30A and cylinder 
displacement y.  Figure 9b shows flow rates into 
cylinder head chamber Q28A and out of cylinder rod 
chamber. Figure 9c shows displacements of both logic 
valve x14A and x14B.  
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(a) without delay 

(b) with delay 
Figure 11 Experimental Results 

Discussion 
Figure 9 shows the result of simulation when both pilot 
valves, 14A and 14B, operate simultaneously. Figure 9a 
shows pressures in cylinder head side chamber and rod 
side chamber P28D and P28C, pilot pressures P14A and 
P14B, load simulator pressure P30A and cylinder 
displacement y.  Figure 9b shows flow rates into 
cylinder head chamber Q28A and out of cylinder rod 
chamber. Figure 9c shows displacements of both logic 
valve x14A and x14B.  
Figure 10 shows the pressures and displacement of the 
logic valve from the simulation when the pilot valve 14A 
operates 35ms later than the pilot valve 14B. It is seen 
from this figure that the pressure surge can be depressed 
by operating the pilot valve 14A later than pilot valve 
14B. The time interval 35ms was decided from 

simulation by trial and error.  
Figure 11a shows the experimental results when both 
pilot valves are operated simultaneously and Figure 11b 
when the pilot valve 14A operates 50ms later than the 
pilot valve 14B. From these results the effectiveness of 
operating time interval of both valves are confirmed.  

CONCLUSION 

In order to apply the water hydraulic drive system to the 
precision die casting machine, the system with 
accumulator and logic valves are examined. As the 
pressure medium, water is environmental friendly, but it 
has disadvantage, e.g. leakage due to low viscosity, low 
lubricity and so on.  
(1) Mathematical model of water hydraulic logic valve 

is derived and its validity is assured experimentally. 
In the model, the friction force acting on logic 
valves were taken into account, because for the 
purpose of prevention of leakage on logic valve two 
or three O-ring seals were used instead of labyrinth 
seal used in oil hydraulic logic valve.  

(2) The model is introduced into the mathematical 
model of whole high speed cylinder drive system 
and characteristics of the system is examined. 

(3) In order to prevent the pressure surge which occurs 
when the cylinder rod starts to move, the method of 
operating the pilot valve 14A later than 14B is 
effective.
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ABSTRACT 

The paper introduces three levels of details in the analysis of losses in hydrostatic drives which are carried out at IFAS 
of RWTH Aachen University (Germany). The first level of detail investigates the over-all system efficiency, the second 
level is focused on components while in the third level of detail the tribological contact in hydrostatic displacement 
machines are analyzed. Due to an increased environmental awareness and rising energy cost energy efficiency becomes 
a crucial factor in system design, components and single tribological contacts. Therefore the efficient conversion of 
mechanical into hydraulic energy and vice versa is the main objective when developing e.g. mobile construction 
machinery. An increase in the energy efficiency of hydraulic pumps, motors, valves and cylinders directly leads to 
significant reduction in energy consumption of hydrostatic drive lines and working kinematics. From the system point 
of view the power consumption of the diesel engine, as the power source of most mobile machinery, has to be reduced 
in order to increase tank-to-wheel efficiency. Modern management strategies for mobile machinery have to include 
diesel engine, drive line and working hydraulic with focus on an efficient operation of the engine.  

KEY WORDS  

System efficiency, volumetric losses, hydro-mechanical losses, work of friction, single-piston test stand 

NOMENCLATURE 

FR, ax:  axial friction force 
FS, ax:  axial friction force in suction stroke 
FP, ax:  axial friction force in pump stroke 
M:   torque at pump shaft 
Q1:   pump inlet flow 
Q2:   pump outlet flow 
QL, ext:  leakage flow 
Vi:   individual displacement 
Wf:   work of friction 

n:   revolution speed 
s:   piston stroke 
smax:  max. piston stroke 

p:   pressure difference 
p1:   pump inlet pressure 
p2:   pump outlet pressure 
pL:   leakage pressure 

tot :  over-all energy efficiency of system 
tot, C:  over-all energy efficiency of component 
hm:  hydro-mechanical efficiency 
vol:  volumetric efficiency 
:   angular speed 
:   temperature 
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INTRODUCTION 

Due to the widely spread increased environmental 
awareness and rising energy costs the energy efficiency 
becomes a crucial factor in systems, components and 
the single tribological contact. Efficient conversion of 
mechanical into hydraulic energy and vice versa is one 
of the most important aspects when developing mobile 
construction machinery. Because of their high power 
density and flexible arrangement hydrostatic drives are 
used in most applications of mobile machinery. An 
increase in energy efficiency of hydrostatic pumps, 
motors and cylinders directly leads to significant 
reduction in energy consumption of hydrostatic drive 
lines and working kinematics.  

In scope of this paper three different levels of detail in 
the analysis of hydrostatic drives which are carried out 
at IFAS of RWTH Aachen University are introduced: 
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Figure 1 Three levels of detail 

1. The first level of detail considers the over-all 
energy efficiency tot of the mobile machinery. The 
optimization of drive line concepts, working 
hydraulic and control algorithms is supported by 
dynamic system simulation (DSHplus) of the 
hydraulic circuits implementing all hydrostatic 
components. The detailed modeling of losses, 
systems and controls enables valuable information 
for the further development of hydrostatic drives.  

2. The second level of detail is based on measure-
ments of the hydraulic displacement units – pump 
and motor. Losses and component efficiency are 
investigated in dependency on speed n, pressure 
difference p, displacement Vi and temperature .

The results of these measurements on the one hand 
proof the results of the 3rd level and on the other 
hand serve as an input for the 1st level of detail.  

3. The third level of detail aims at the optimization of 
the hydrostatic displacement machines. Single 
tribological contact surfaces, e.g. piston-bushing or 
slipper-swash- plate, are investigated in simulations 
and measurements. Measured friction forces on the 
piston result in a work of friction Wf for one 
revolution of the single piston. This work of friction 
can be seen as a benchmark of different types of 
pistons and bushings.  

These three levels of detail contribute to the 
advantageous investigation of hydraulic system 
solutions. The system depends on components which 
imply various tribological contacts.  

1
st
 LEVEL OF DETAIL 

 Over-all system efficiency 

Hydrostatic power supply systems for mobile machines 
are quite complex. Considering a typical hydrostatic 
transmission, it is a fluid power system with many 
active and passive components having interfaces to the 
internal combustion engine (ICE), electronics and 
mechanics. In the development phase, dynamic 
simulation of new system solutions allows for optimi-
zation in a short cycle time and reduces time for testing 
significantly. The over-all system efficiency of mobile 
machines results out of the required output power and 
losses in every single component, e.g. ICE and 
transmission (see equation 1). Thereby, a higher over-all 
efficiency results in lower fuel consumption as well as 
lower CO2 and NOx emissions.  

transICEtot  (1) 

Figure 2 introduces a simple design for a driveline 
containing ICE, hydro-mechanical power split 
transmission and tire.  

Figure 2 Exemplary drive line including engine, 
transmission and wheel 

In order to achieve near-to- reality simulation results, 
precise loss modeling for changing operation conditions 
is required [5]. Modern drive line concepts are 
controlled by an electronic efficiency management 

104Copyright © 2008 by JFPS, ISBN 4-931070-07-X



system (EMS) which is regarding best-point-operation 
of engine and transmission. 

Accordingly, the total efficiency of the vehicle can be 
improved by: 

1. implementation of high efficient transmissions, e.g. 
hydro-mechanical power split transmission (HMT). 

2. implementation of high efficient ICE 
3. rising the average efficiencies of transmission and 

ICE due to an advantageous control strategy. 

A hydro-mechanical power split transmission (HMT) 
combines the advantages of mechanical and hydrostatic 
transmissions. The high efficiency of mechanical gears 
and the continuously variable transmission ratio of 
hydrostatic transmission result in a highly efficient 
continuously variable transmission (CVT). Conse-
quently, vehicle velocity is decoupled from engine 
speed, which can result in best-point- operation of the 
ICE. Vehicle velocity can be increased at constant ICE 
speed or the ICE speed is varied without influence on 
the vehicle velocity.  
In scope of a collaborative research project IFAS is 
developing a flexible tool for the investigation and 
further development of drive line concepts for off- 
highway machines. Based on a loss-based model of 
drive lines and ICE the fuel consumption and thereby 
the emissions are evaluated. Recent work shows the 
huge influence of the ICE operation on the fuel 
consumption [4]. Three different control concepts for 
the same drive line concept were investigated for one 
short and one long loading cycle of a 120 kW wheel 
loader: 

Control concept 1 (CC1) – ICE throttle is held in a 
constant percentage which results in a nearly 
constant ICE speed. Vehicle velocity is controlled 
by the ratio of the implemented HMT.  
Control concept 2 (CC2) – In modern wheel 
loaders the ICE speed governs transmission ratio 
and thereby vehicle velocity. This concept is 
adapted to a drive line including a HMT.  
Control concept 3 (CC3) – Aims on high torque 
loads on the ICE shaft and higher ICE efficiency. 
The current power demand of drive line and work 
hydraulic is determined and ICE speed is adapted to 
the required power.  

Constantly high ICE speed for CC1 results in low 
torque loads on the driving shaft, high fuel consumption 
and thereby low over-all efficiency. Due to CC2 the ICE 
speed varies with vehicle velocity and torque loads as 
well as efficiency can be increased. Savings of 13% fuel 
consumption for the short loading cycle and 6% for the 
long cycle seem possible. The ICE speed adaption 
according to the determined power requirement of the 

machine (CC3) results in saving of 15% for short and 
long loading cycle. ICE speed can be reduced for low 
power requirements and the efficiency is improved. Part 
of the improvement is also caused by the HMT. 
Advanced control strategies are therefore capable of 
increasing the average efficiencies of HMT and ICE.  
For all simulations in scope of this paper DSHplus is 
used as the dynamic system simulation tool using an 
extended component library.  
All these loss-based simulations of drive line concepts 
including the ICE rely on precise loss models of the 
implemented components. The losses of hydrostatic 
pumps, motors and transformers are essential for the 
investigation of partly and fully hydrostatic solutions. 
Additionally, the implemented control concept bears 
huge potential for reduced emissions and fuel 
consumptions. Precise measurements are required for 
the development of loss models for the flow and torque 
losses of hydrostatic units. These measurements are 
described in the 2nd level of detail.  

2
nd

 LEVEL OF DETAIL 

 Losses of hydrostatic displacement machines 

Efficiency measurements of hydrostatic units – pumps 
and motors – require reliable sensor technology with 
high accuracy. In a first step, the real displacement of 
the hydrostatic units is determined. This can be done 
using different methods, as described in [3]. When 
running-in is completed, the machine is driven at chosen 
operating points and measurements are taken. Figure 4 
shows the input and output power flows of a pump [6] 
and thereby the required measurement results.  
Measured speed and torque result in the mechanical 
input power at the pump shaft which generates the 
hydraulic power in terms of flow and pressure 
(Figure 3).  

M

11 pQ 22 pQ

Lext,L pQ

Figure 3 Input and output power of a pump [6] 

Losses of the hydrostatic unit have to be separated into 
flow and torque losses by means of the real displace-
ment for further detailed analysis. Flow and torque 
losses result in volumetric vol and hydro-mechanical 
efficiencies hm. These efficiencies are calculated 
according the following relations: 
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The reliable determination of the real displacement Vi of 
the machines is essential for a precise separation into 
volumetric and hydro-mechanical efficiencies. The 
over-all efficiency is not dependent on Vi. Furthermore, 
fluid temperature  is of huge influence and therefore 
has to remain constant during the measurements.  
To allow for the testing of hydrostatic units in pumping 
and motoring mode on one test stand, the electric motor 
drive has two shaft extensions at IFAS. One is used for 
the test unit and the other one is connected to a variable 
displacement axial piston machine, which operates as a 
recovery and load unit. This provides an 
energy-efficient operation in pumping and motoring 
mode during testing. Only the occurring losses have to 
be overcome by the electric motor drive. 

3
rd

 LEVEL OF DETAIL 

 Individual friction at tribological contacts 

For the optimization of hydrostatic units the step 
towards the investigation of single tribological contacts 
is required. At IFAS this investigation is performed by 
means of simulation and specialized single-piston test 
stands.  
Within the Collaborative Research Center 442 and the 
additional transfer project “Axial piston machines with 
PVD-coated components” three different single-piston 
test stands for swash-plate unit were developed: 

low speed single-piston test stand 
high speed single-piston test stand 
dry-running single-piston test stand 

All these realize an inversed kinematics, compared to 
axial piston swash-plate units. Accordingly, the bushing 
is housed by the measuring platform which is mounted 
to stiff force sensors while the piston is moving in axial 
direction. This principle is described in detail by Renius 
[7] and allows for measurements of friction forces 
between piston and bushing. The axial friction force is 
one of the most relevant losses for swash-plate units. 
Figure 4 shows the main assembly of the low speed 
single-piston test stand.  

Figure 4 Low speed single-piston test stand 

The axial movement of the piston is caused by a rotating 
wobble-plate and guided by the bushing in the 
measuring platform. All loads in terms of forces are 
taken up by four piezo-force sensors supporting the 
platform. All the lateral forces and the axial friction 
force are measured by the sensors [1, 2]. A specifically 
designed compensation piston is required to apply the 
hydraulic pressure to the back of the measured piston 
without disturbing the measurements. High and low 
pressure are varied in dependency of the rotating angle 
of the swash-plate by a control valve. 
The test stand allows for speeds up to 10 rpm and aims 
at the optimization of the start-up torque of hydraulic 
motors. Normally, the hydro-mechanical efficiency is 
poor for low speeds of motors which results in torque 
ripples. This is mainly caused by the relatively high 
friction between piston and bushing while there is only 
little hydrodynamic lubrication in the gap. This low 
speed test stand is a suitable tool for analysis and 
optimization in order to rise start-up torque and lower 
the losses in swash-plate units.  

Figure 5 Calculation of stress and deformation 

FEM-simulation models are implemented to learn about 
different influences on the losses and to determine 
stresses and deformations. Furthermore the design of the 
tribological contact between piston and bushing can be 
optimized by means of simulations. Figure 5 shows 
stresses and deformation of the piston caused by a 
lateral load force and the guiding bushing.  
Especially when there is a hard/hard contact between 
the materials of piston and bushing the bending of the 
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piston and the local deformation of piston and bushing 
has to be regarded. The FEM-simulation help to find an 
appropriate contouring of the contact surfaces. This 
means e.g. choosing the radius at the front edge of the 
bushing and the piston-radius.  
Looking at pumps, rotating speeds of more than 
500 rpm are required. Therefore a high speed single- 
piston test stand was recently developed at IFAS. This 
test stand is capable of running at speeds of 500 rpm to 
2,500 rpm. The friction forces are measured according 
to the same principle which was introduced for the low 
speed test stand. Certainly, all components were well 
optimized for this new purpose. Friction forces are 
much lower at high speeds of the hydrostatic unit than at 
low speeds. To maintain the high accuracy of the 
measurements at the low speed test stand, cross-talk of 
the piezo-force sensors is measured and subsequently 
compensated for.  

Figure 6 Sectional view of the control valve 

Again, the hydraulic connection is realized via a 
compensation piston. While the commutation of 
pressure on the back of the piston can be performed by a 
simple electro-hydraulic valve at low speed, a new 
control valve was designed for high speeds. Figure 6 
shows a cross-sectional view of the control valve. 
Using the drive pulley, the rotating bushing is driven at 
operation speed and synchronized with the wobble-plate. 
The control journal has two ports: high pressure and low 
pressure. In the rotating bushing there is an integrated 
transfer port which realizes the commutation. The 
described control valve offers a reproducible pressure 
variation according to Figure 7.  
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Figure 7 Pressure variation @ 500 rpm 

The design and assembly of the third single-piston test 
stand is not yet completed. It is a simple construction 
with the purpose to measure dry friction between piston 
and bushing. Using two hydraulic cylinders a side force 
can be applied and the piston can be driven in axial 
direction, as Figure 8 shows. 

Figure 8 Dry-running single-piston test stand 

Friction force is measured by one piezo-force sensor 
and the test carrier is fastened to the frame by spokes. 
When the piston is moved by the axial cylinder, the 
axially guided cylinder for the lateral force moves with 
the piston. Measuring the friction coefficient using this 
test stand is supposed to be better than using other 
principles like a disc/disc test stand for instance. 
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Figure 9 Friction force @ 500 rpm, 300 bar 

The most interesting output of all the measurements 
with the presented single-piston test stands are the 
resulting friction force diagrams. Usually the friction 
force is plotted versus time or angle as shown in 
Figure 9. 

107 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



With these friction force diagrams it is difficult to 
compare different designs of pistons and bushings. It is 
much better to have a close look on the losses which are 
caused by the friction force for one stroke of the piston. 
Consequently the friction force is plotted versus the 
working stroke of the piston (Figure 10).  
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Figure 10 Work of friction @ 500 rpm, 300 bar 

The work of friction Wf is calculated by the integration 
of force in dependency of the working stroke. It is 
indicated by the hatched area and calculated according 
to:  

maxmax

0
,

0
,

s

axS

s

axPf dsFdsFW  (5) 

Finally, the work of friction Wf is dedicated to be an 
appropriate benchmark for analysing and comparing 
axial friction losses between piston and bushing.  
In addition to the measurements on single-piston test 
stands, the performance for most suitable piston- 
bushing combination can be analyzed on the component 
test stand at IFAS. Improvements in the single 
tribological contact will also lead to improvement in the 
component behaviour. Afterwards, the measured 
component performance can be integrated into system 
simulation tools and prove the functionality in the 
hydraulic system. Small changes on the contact side 
may result in huge improvements on the unit 
performance.  

SUMMARY 

In times of rising energy costs and tightened 
governmental restrictions regarding the emissions and 
fuel consumption of vehicles and mobile working 
machines, losses in hydrostatic units are to be reduced.  
At IFAS three different level of detail are utilized to 
analyze and improve the performance of hydrostatic 
drives. Tribological contacts are the main loss source in 
hydrostatic units. FEM-simulation models and advanced 
measurements result in a good understanding of the 
origin of volumetric and hydro-mechanical losses in 
order to derive improvements by geometric changes. 

Measurements on hydrostatic units, pumps and motors, 
are a major benchmark for the quality of improved 
components. Additionally, precise measurements can 
result in precise simulation models for the over-all 
system investigation. Beneath the improved efficiency 
of hydrostatic components the improvement of the 
over-all system efficiency will be the result of new 
structures. These structures, e.g. hybrid, motor 
controlled, will first be analyzed by state-of-the art 
system simulation tools. 
In summary, the introduced tools are capable of 
improving the efficiency of hydrostatic system by 
means of simulation, measurement and system 
know-how. 
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ABSTRACT 

This research deals with master-slave control of a teleoperated hydraulic construction robot. In this system, the 
master consists of two joysticks, and the slave is the hydraulic construction robot (including the fork glove, boom, arm, 
and swing, driven by hydraulic actuators). In a previous research, the authors proposed a force feedback method based 
on position-velocity control, in which the cylinder velocity is proportional to the position of the joystick. The purpose of 
this research is to confirm the effectiveness of the force feedback method using behavioral measures and subjective 
indexes. An experiment was conducted to evaluate operational performance, confirming the effectiveness of the force 
feedback control system. 

KEY WORDS  

Key words, Construction Machinery, Robot, Hydraulic Actuator, Master-slave control, Force feedback 

INTRODUCTION 

The remote operation systems for construction 
machinery in general use adopt methods that give the 
operator only visual feedback, which is obtained by 
cameras mounted on the construction equipment. 
Naturally, the amount of information regarding the site 
provided to the operator by such methods is inadequate, 
and it has been reported that work efficiency is 
significantly inferior to that in direct operation.[1] In 
this case, if the operator could grasp various situations 
to the detailed level from the general condition of the 
work area, safe, precise work would be possible.  
In previous research, the authors studied a master-slave 
system in which the master consisted of a pair of 
joysticks and the slave comprised all four actuators 
(fork glove, swing, boom, arm) of a hydraulic excavator 
(hereinafter, construction robot), using a 
position-position control system, in which the cylinder 

position of the construction robot displayed one-to-one 
correspondence with positional commands to the 
joystick. However, general construction machinery 
employs position-velocity control, in which the cylinder 
velocity is proportional to the position of the joystick. 
Therefore, in a previous report [2], we proposed a new 
master-slave control method (hereinafter, this control 
method) based on position-velocity control in order to 
approximate more closely the operating system in actual 
equipment. In this position-velocity control method, the 
cylinder velocity is proportional to the position of the 
joystick. Tests confirmed that accurate force 
representation was possible by this method. 
On the other hand, in ordinary remote operation, there 

are limits on the number of visual sensors that can be 
installed at the site and the volume of data that can be 
transmitted. Furthermore, various factors (attitude of 
construction robot, change in attitude of front part) 
which occur during work create dead angles for cameras, 
making operation difficult and hindering work. It is 
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considered possible to overcome the aforementioned 
problems of limits on the number of visual sensors and 
data transmission volume and camera dead angles by 
introducing an operation system mediated by virtual 
space constructed in a computer. However, the condition 
of the actual space and the work must be reflected 
satisfactorily in the virtual space. It can be assumed that 
work performed in a virtual space that does not satisfy 
this requirement will be difficult, like work in real space. 
Even when using a virtual space with these advantages 
and drawbacks as visual information, safe and precise 
work is expected to be possible if a feeling of force can 
be fed back to the operator, because the operator will be 
able to grasp the condition of the work intuitively. 
Therefore, in this report, the position-velocity control 
type master-slave control system proposed by the 
authors was applied to a remote operation system 
mediated by virtual space constructed in a computer, 
and its effectiveness was verified from task efficiency, 
risk measurements, the success ratio, and subjective 
work load. 

TELEOPERATED  

CONSTRUCTION ROBOT SYSTEM 

Fig. 1 shows a schematic diagram of the experimental 
construction robot using the remote operation/virtual 
reality system which will be discussed in this paper. As 
shown in the figure, this system consists of two 
joysticks, which comprise the master, and a construction 
robot (Landy KID-EX5, manufactured by Hitachi 
Construction Machinery Co., Ltd.; weight: 0.5t), which 
is the slave. The joysticks form a bilateral pair, and can 
each be operated in the forward/back and right/left 
directions.  
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Figure 1 Schematic diagram of experimental apparatus 

The mechanical system consists of a robot arm with 
four degrees of freedom. The hydraulic cylinders used 
as actuators for the fork glove (hereinafter, glove) at the 
end of the robot arm and the swing, boom, and arm are 
moved by operating the joysticks in these four 

directions. To give the operator a feeling of grasping 
objects with the glove and the work reaction force 
(force) generated during work by the swing, boom, and 
arm, two DC motors are incorporated in each of the 
joysticks. Feedback control by proportional control 
valves is used in the above-mentioned four cylinders 
(Stroke Sensing Cylinder, manufactured by KYB Co., 
Ltd.; resolution: 0.01mm). Force sensors are installed on 
the head side and cap side of each of the cylinders to 
detect load pressure. These pressure signals can be used 
as force signals, which are necessary on the master side. 

POSITION-VELOCITY CONTROL IN 

MASTER-SLAVE SYSTEM 

 In this research, first, for the glove, a control method 
that enables satisfactory representation of grasping in a 
wide range of grasping tasks was proposed. The features 
of this control method are as follows[2].  

 The threshold value fprei for representing reaction 
force is variable, using measured velocity-drive force 
characteristics.

 Reaction force to the joystick comprises a term that 
depends on the position-velocity deviation of the master 
and slave, and a term that depends on piston drive force. 
(Symmetric positioning and force reflection control 
method are used in combination.)  
The reaction force ri on the joystick in this control 
method is given by Eq. (1). The subscript i in ri and the 
other terms is i =1 2, corresponding to the fork glove 
or boom, respectively.  

itmisimipmiiri fkVYkT
       (1) 

Gain T is given by the following equation:
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Here, Ym Vs are nondimensional displacement of the 
master and nondimensional velocity of the slave, f is 
piston drive force, and kpm ktm are gain of the master 
system. fe_max, fc_max denote the maximum drive force of 
the piston in expansion and contraction (fe_max=11.7kN, 
fc_max= -6.8kN).[2] 
Application of this control method, composed as 
described above, to this system makes it possible to give 
the operator a satisfactory feeling of the task, not only 
when grasping hard objects or opening and closing the 
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glove without load, but also when grasping 
comparatively soft objects. In the case of the boom, 
external forces caused by gravity, etc. are included in 
the measured drive force. Therefore, when this control 
method is applied, the load force is estimated and 
subtracted from the measured drive force. In this 
research, the position-velocity control type master-slave 
control method was also applied to the boom for use in 
risk measurements, in addition to the fork glove. (In the 
previous report, application was limited to the glove.) 
Force feedback for the boom is expected to make it 
possible to avoid dangerous situations, such as 
overturning of the robot due to excessive pressure by 
the robot arm on the ground. In this report, this was also 
evaluated using the risk measurements.

EVALUATION OF  

OPERATIONAL PERFORMANCE 

System Configuration 

In this research, a system that displays CG of the work 
site to the operator was constructed assuming “block 
stacking by construction robot,” which is frequently 
used in “mudslide countermeasure work by block 
stacking at disaster recovery sites.” Fig. 2 shows the 
configuration of the object system used in an 
experiment to evaluate operational performance. The 
light gray arrows show the flow of signals for 
expressing the construction robot in virtual space; the 
dark gray arrows show the flow for the work object. 

Construction
Robot PC1 PC2

Projector

Stereo vision
camera

Joysticks Screen

IEEE 1394 cable

LAN
cable

Slave system Master system

block

Construction
Robot PC1 PC2

Projector

Stereo vision
camera

Joysticks Screen

IEEE 1394 cable

LAN
cable

Slave system Master system

block

Figure 2  Experimental apparatus for evaluation of 
operational performance

PC1 is the computer which is used to control the 
construction robot. A master-slave system for feeding 
back the displacement of the joystick of the robot, 
which is the master, and the displacement of the piston 
of the robot, which is the slave, is configured using this 
computer. In addition to control of the construction 
robot, PC1 also transmits the cylinder displacement of 
the construction robot to PC2, which is the computer 
that creates the virtual space, using TCP/IP. Based on 

this information, PC2 draws the construction robot on 
the virtual space. In addition, distance and color 
information on the work object are sent to PC2 from a 
3-dimensional shape input device using an IEEE1394 
cable, and this information is used to draw the work 
object on the virtual space. The video images of the 
virtual space drawn in this manner are displayed on a 
screen using a projector. The 3D shape input device 
used is a 3D digital camera Color DIGICLOPS 
(manufactured by Point Grey Research; hereinafter, 
simply DIGICLOPS), which makes it possible to obtain 
3-dimensional images in the field of view of the sensor.  

Figure 3  Example of created virtual space

The operator operates the robot while viewing the 
virtual space created by PC2. Fig. 3 shows an example 
of the virtual space displayed to the operator at this time. 
As illustrated here, the images displayed to the operator 
include the shadows of the construction robot and the 
object and a gauge showing the distance between the tip 
of the fork glove and the ground surface or object. The 
robot itself is semi-transparent. For easy operation with 
visual feedback using only one screen, an auto 
viewpoint move function is used. This function moves 
the viewpoint and reference point in response to the 
behavior of the swing and boom. 

Content of Task  

Two types of tasks (Task 1, 2) were adopted. These 
tasks involved sorting, movement, and stacking of 
blocks in the task area shown in Fig. 4, using four 
blocks with two different hardnesses (concrete blocks 
wrapped in sponge, hereinafter called hard blocks, and 
sponges, hereinafter called soft blocks). The contents of 
the respective tasks were as follows. 
(1) Task 1 

In the initial condition, one block each was arranged at 
point A and point C in Fig. 4, and 2 blocks were 
arranged at point B. The task was to grasp each block in 
order, beginning from the left as seen from the robot, 
and reply verbally as to whether the block was a hard 
block or soft block.  
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Figure 4 Task area for evaluation of operational 
performance

 (2) Task 2 
In the initial condition, two blocks each were arranged 
at point A and point C in Fig. 4. The task was to grasp 
each block in order, beginning from the left as seen 
from the robot, move the hard blocks to point B, and 
leave the soft blocks in the initial position. When two or 
more hard blocks were found, the operator was 
instructed to stack the blocks in accordance with the 
block arrangement plans in Fig. 5.   

In case of 2 pieces In case of 3 pieces In case of 4 piecesIn case of 2 pieces In case of 3 pieces In case of 4 pieces

Figure 5 Block arrangement plans

Evaluation Indexes  

A total of five evaluation methods were used. Three 
evaluation indexes were used to verify the effectiveness 
of the force feedback function by this control method, 
these being task efficiency, risk measurements, and 
success rate. These are objective behavioral measures. 
In addition, NASA-TLX and an evaluation 
questionnaire were also used as subjective indexes. The 
features of these various indexes are outlined below.  
Behavioral measures refer primarily to objective task 

performance. These include the amount of work 
performed, error rate, etc. In the present research, task 
efficiency and risk measurements were used. The details 
of these items are as follows.  
(1) Task efficiency  

Task efficiency is an index that measures the number 
of blocks moved to the designated position and arranged 

in a unit of time [Obj./min].  
(2) Risk measurements 
The following two measures are used as indexes 
showing that the task is being performed irrespective of 
the fact that the robot is in an unstable condition.  

 Time tc during which the construction robot is in an 
unstable condition due to contact between the front part 
and the ground surface or object (hereinafter, contact 
time).  

 Average value of force, Fc , generated in the boom, 
arm, and swing of the construction robot while the robot 
is in an unstable condition (hereinafter, average 
generated force). 
Based on the action-reaction relationship, here, the 
excess force generated by the piston when in contact 
with the ground, etc. can be treated as equivalent to an 
external force acting on the piston. Introduction of the 
above-mentioned gain T enables nondimensional 
expression of the excess forces generated in each piston. 
The generated force Ft is obtained from the sum of these 
values. A threshold value is set for the generated force 
Ft obtained as described above, and conditions that 
exceed this value are considered unstable. Because the 
contact time tc shows the total time during which the 
generated force Ft exceeds the threshold value, the 
average generated force Fc is obtained by dividing the 
integrated value of Ft during this tc counting time by the 
contact time tc.    
(3) Success rate 
The success rate expresses the rate of success in 
correctly determining whether blocks are hard or soft. It 
is calculated by the percentage (%) of the number of 
blocks successfully judged among the total number of 
blocks.  

SWAT (Subjective Workload Assessment Technique) 
and NASA-TLX (NASA Task Load Index) may be 
mentioned as psychological indexes in wide general use. 
In the present research, NASA-TLX was adopted as a 
subjective index, as there are many examples of 
application and it is easily introduced.  

NASA-TLX consists of six measures, these being 
mental demand, physical demand, time demand, 
operational performance, effort, and frustration. The 
flow of evaluation by NASA-TLX consists mainly of 
three processes:  paired comparisons of the various 
measures,  work which is the object of the load 
evaluation (in this paper, block stacking work), and 
evaluation of the load for each measure. Based on this 
procedure, it is possible to evaluate the size of the load 
for each measure, and to make an evaluation of the total 
load (WWL score: mean weighted workload score). 

EXPERIMENTAL RESULTS 

SYSTEM CONFIGURATION 

This experiment was performed in order to verify the 
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effectiveness of applying the force feedback function 
using this control method to actual work. Therefore, this 
chapter presents the results for the behavioral measures, 
subjective index and evaluation questionnaire when the 
block sorting and stacking tasks described above were 
performed. The subjects were 6 persons (all male, 
average age: 23.5 years), three of whom were 
inexperienced persons who received an explanation of 
operation of the construction robot prior to the start of 
the experiment to evaluate operational performance. All 
subjects were allowed sufficient time to practice 
operation of the construction robot prior to the 
experiment.  

Behavioral measures 

(1) Task efficiency 
As task efficiency results, Fig. 6 shows the actual 

task efficiency and standard deviation by subject.  

Figure 6 Task efficiency in behavioral measures 

In this figure, non-FFB  and FFB  mean that 
operation was performed without or with force feedback, 
respectively. The x-axis shows the subjects, and the 
y-axis shows task efficiency [Obj./min]. Larger values 
on the y-axis mean higher task efficiency. Because the 
subjects were allowed to practice before the experiment, 
it was assumed that there would be little improvement 
in task efficiency as the subjects became more 
accustomed to operation of the robot. Therefore, no 
correction was made for this factor. According to Fig. 6, 
the task efficiency of almost all subjects as improved by 
using FFB. Accordingly, the results showed that the 
meaningful difference of force feedback in remote 
operation systems mediated by virtual space is not 

insignificant. 
(2) Risk measurement 
  As risk measurement results, Fig. 7 shows contact 

time tc and average generated force Fc by subject. In this 
figure, the left y-axis shows contact time tc, and the right 
y-axis shows average generated force Fc. In both cases, 
smaller values mean that work can be performed more 
safely. 

Figure 7 Risk measurement in behavioral measures 

This figure shows that risk increases when force 
feedback is not provided. This is because the subjects 
could not judge contact with the floor due to the lack of 
reaction force. Conversely, with reaction force, the 
subjects could judge contact with the floor and move 
away immediately. These results confirmed that the 
condition of the construction robot can be grasped 
intuitively when force feedback is provided, and safer 
operation of the robot is possible.  
(3) Success rate 
  Fig. 8 shows the results of the success rate by subject. 
In this figure, the x-axis shows the subjects, and the 
y-axis shows the success rate as a percentage. Because 8 
blocks were used in all of the tasks in this experiment, 
the result is calculated as (number of blocks 
successfully judged) / 8. Larger values on the y-axis 
mean that a large number of blocks was judged 
successfully and errors were fewer.  
  According to Fig. 8, the success rate was higher when 
force feedback was provided. This is attributed to the 
fact that judgment is easier with force feedback because 
the task reaction force is communicated to the operator 
by way of the joystick. Conversely, when force 
feedback is not provided, judgments must be made 
based only on the CG, which does not show any change 
in the shape of the object. In this case, the operator must 
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depend on his intuition, based on the condition of 
deformation of the task object. 

Figure 8 Success rate in behavioral measures 

For this reason, there were considerable differences in 
the success rates of the subjects. The fact that in some 
cases the success rate was not 100% when force 
feedback was provided is attributed to locations where it 
was difficult to feel the reaction force due to the 
position where the block was grasped. Accordingly, it 
was found that accurate work is possible when force 
feedback is provided. 

Subjective Index

Fig. 9 shows the results of NASA-TLX. It should be 
noted that, because NASA-TLX is a subjective 
evaluation method, the evaluation standard for each 
measure will differ depending on the habits and 
judgment standards of the respective subjects. For this 
reason, evaluation based on an average value for all 
subjects is difficult. Based on the results of the 
experiment, the results for the six subjects can be 
largely divided into two groups. Therefore, rather than 
showing the average values for all subjects, the figure 
shows the results for two subjects as representative 
examples. In this figure, the  mark shows the 
evaluation values for each measure without force 
feedback, while the  mark shows the case with force 
feedback. Smaller scores mean the load on the subject 
was lighter. Fig. 9 shows that both the respective 
evaluation values and the WWL score decreased when 
force feedback was provided. Accordingly, it can be 
understood that the mental load on subjects is reduced 
when force feedback is provided in comparison with the 
case where force feedback is not provided. Inferring 
from the tendencies of the two representative subjects, it 

was found that the loads for the measures mental 
demand (MD), effort (EF), frustration (FR), and 
operational performance (OP) were reduced with force 
feedback. However, one subject showed a slight 
increase in physical demand (PD). This is attributed to 
the increased load on the hands in joystick operation 
due to feedback of work reaction force. This seems to 
indicate that some persons may find operation more 
physically demanding with force feedback.  
The results described above confirmed that, in 

situations where it is difficult to grasp the condition of 
the construction robot based on visual information alone, 
it is possible to supplement the visual information by 
providing force feedback, and this can lighten the 
mental load on the operator. 

Figure 9 NASA-TLX in subjective measures 

CONCLUSIONS 

The objective of this research was to improve 
operational performance in work performed by 
teleoperation of construction robots. Using a 
general-purpose hydraulic excavator with a 
position-velocity control system proposed by the 
authors in previous work, force feedback was provided 
to operators and their operational performance was 
evaluated. These results show the effectiveness of the 
force feedback. 
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ABSTRACT 

We have developed a novel energy-saving hydraulic pump system—Super Unit—that comprises a high-efficiency 
motor, low-inertia pump and an inverter controller (We call this type of system ‘hybrid’). Compared with conventional 
hydraulic pumps each driven by a constant speed induction motor, our novel hydraulic pump system driven by a 
high-efficiency variable-speed IPMSM (Interior Permanent Magnet Synchronous Motor) features energy-saving of 40% 
or more when used for an injection molding machine which is a typical application of this new pump system. 
By means of a pressure feedback control function and run speed control software on the controller, the pressure and 
flow rate of the hydraulic fluid are accurately controlled according to a command from the controller of the molding 
machine. This control software allows a high-torque high-precision motor to drive a low-inertia pump: as a result, 
high-speed high-response control of hydraulic actuators is realized, thereby the quality of molding products obtainable 
from injection machines controlled by our system is higher compared with quality resulting from conventional systems. 
A series of our variable-speed pump system products adopting hybrid hydraulic pressure technology are available for 
NC lathes, machining centers and other industrial machines such as a press machine. 

KEY WORDS 

Inverter, Energy-saving, Hydraulic Pump, Molding, IPMSM 

INTRODUCTION 

In the technical field of industrial machinery, 
combinations of constant-speed induction motors and 
variable-displacement pumps have been often used on 
hydraulic power units. In the year 2000, we developed 
an energy-saving hydraulic unit product series, each 
hydraulic unit comprising a compact fixed-displacement 
pump and a variable speed inverter motor whose 
maximum speed is at least twice as high as that of 
conventional inverter motors. 
Since then, this product line has been positively 
contributing to reducing energy consumption on 
machine tools. Furthermore, we have successfully 
developed a variable-speed energy-efficient hydraulic 
unit incorporating a highly efficient motor whose rotor 
has embedded rare earth magnets (IPMSM). 
Currently, we are offering an unique line of products, 
each product type optimized for industrial machine 
application. 

Figure 1 summarizes some examples of units we have 
so far developed and their typical features. 
After development of the first product line intended for 
machine tools, we developed the next product line for 
general industrial machines such as a press machine, 
wherein the new hydraulic products incorporate the 
IPMSM in order to improve energy efficiency, feature 
increased pressure and flow rate so that they are more 
suitable for general industrial machines, and at the same 
time, they have enhanced functions for example in 
communication capability. We are further developing 
new line of products for molding machines: for this 
purpose, these new products feature not only improved 
response by way of an increased instantaneous motor 
torque but also an increased rated motor output capacity. 
Functionality of our hybrid hydraulic pump system 
contributing to energy-saving is described below. Also, 
its advantages, when it is compared with conventional 
hydraulic system and electric servo motor mechanisms 
with ball-screws for molding machines are presented. 
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Figure 1 History of Daikin’s development works for energy-saving hydraulic pump units 

ENERGY-SAVING WITH HYDRAULIC PUMP 
SYSTEM FEATURING VARIABLE SPEED 

CONTROL 

As shown in Figure2, in a pressure maintaining mode on 
a conventional hydraulic pump system, where the 
hydraulic actuator is not executing an effective work 
such as when the hydraulic cylinder is at its stroke end 
and is maintaining the hydraulic pressure, the motor 
remains running at a speed (usually, 1800 min-1) same 
as in the situation where the cylinder is being actuated. 
Consequently, energy is wasted in this mode owing to 
mechanical frictional resistance and viscous friction 
resistance that results from stirring of the hydraulic 
fluid. 
Since the cylinder velocity, which is proportional to the 
flow rate, on a conventional hydraulic system is usually 
controlled by varying the resistance of the valve flow 
passage, pressure loss, which is consumed as waste heat, 
will inevitably occur. In contrast, our “Super Unit” is a 
unique energy-saving hydraulic pump system, whose 
running speed is regulated by an inverter controller so 
that the hydraulic fluid is fed at a necessary flow rate 
only during an appropriate period according to the 
loading condition. (Arrows and a solid line in Figure 2) 
Figure 3 schematically illustrates a control block for our 
hydraulic pump system. With this system, the pressure 
and flow rate of hydraulic fluid are regulated 
appropriately according to the following pressure 
feedback scheme: 
[1] When the hydraulic actuator is operating, necessary 

amount of flow is supplied by high rotation. 
[2] By monitoring the pressure, necessary amount of 

flow is supplied in accordance with load condition. 
[3] While the pressure is maintained, the minimum 

amount of flow is supplied to compensate for the 
leakage from the circuit by low speed rotation. 

Figure 2 Difference between conventional hydraulic 
unit and variable speed hydraulic pump system 

Figure 3 Control block for variable speed hydraulic unit 
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HIGH-EFFICIENCY HIGH-RESPONSE IPMSM 

The IPMSM (Interior Permanent Magnet Synchronous 
Motor) was originally developed for energy-saving 
arrangement on Daikin’s air-conditioning equipment, 
and its response and velocity control performance has 
been improved in order to adopt for our hydraulic pump 
system. 
As shown in Figure 4, the rare earth magnets are 
embedded in the rotor. Through synchronous control 
that helps efficiently develop both a magnet torque and 
a reluctance torque, the synchronous motor attains a 
very high degree of efficiency as high as about 95%. 

Figure 4 Cross-section of IPMSM rotor and stator 

Response of conventional variable-displacement pumps 
falls in a range of about 0.1 second from the minimum 
flow rate to the maximum flow rate. In variable-speed 
pump system, the response time from the minimum 
running speed (100 min-1) to the maximum running 
speed (3500 min-1) must be not longer than 
approximately 0.1 second. In conjunction with an 
optimally designed inverter controller, our IPMSM 
satisfies this requirement. 

ENERGY-SAVING PERFORMANCE OF SUPER 
UNIT FOR INDUSTRIAL MACHINES 

Figure 5 graphically plots the energy-saving effect of 
3.7 kW Super Unit for industrial machines, compared 
with conventional hydraulic system. 

Figure 5 Energy-saving performance of 3.7 kW Super 
Unit 

OTHER FEATURES OF OUR HYDRAULIC 
PUMP SYSTEM FOR INDUSTRIAL MACHINES 

In addition to its energy-saving performance, our 
hydraulic pump system features lower loss on its 
hydraulic circuit, thereby increase in the hydraulic fluid 
temperature is inhibited and noise is kept at a low level. 
Because the pressure and flow rate is regulated by the 
running speed of motor, our hydraulic pump system 
needs a smaller number of valves, thus its hydraulic 
circuit can be simplified.  
Figure 6 illustrates a typical circuit for a conventional 
hydraulic circuit and that for our variable-speed 
hydraulic pump unit. 

Figure 6 Simplification of hydraulic circuit with Super 
Unit 

FEATURES OF SUPER UNIT FOR INJECTION 
MOLDING MACHINES 

Figure 7 11 kW Super Unit for injection molding 
machines 

Resent years, electric servomotors and ball-screws have 
been commonly used to drive the injection molding 
machines, particularly in Japan. Hybrid hydraulic drive 
molding machines, adopting hybrid hydraulic pump 
system has advantages over conventional hydraulic 
drive machines or electric servo drive machines.  
Figure 7 shows a hydraulic pump system that 
incorporates an 11 kW IPMSM. By adopting a 
low-inertia geared pump and using an IPMSM whose 
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inertia moment is minimized for application to injection 
molding, our Super Unit achieves quick 
response—acceleration to maximum speed in 50 msec: 
previously, this level of response time was obtainable 
only with electric servo motor mechanisms with 
ball-screws. 
Furthermore, compared with conventional hydraulic 
power units each comprising a piston pump and an 
induction motor, our hydraulic pump system features 
smaller degree of pulsation, and therefore, an injection 
molding machine with our system run at a lower speed 
stably and delivers quality moldings. 
Like a result from our hydraulic pump system for 
industrial machine such as a press machine, our Super 
Unit for molding machines features smaller heat 
generation compared with conventional hydraulic pump 
systems, and therefore an oil cooler can be eliminated or 
downsized. Another advantage not available on an 
electric servomotor mechanism is that our Super Unit is 
free from the grease maintenance and a problem 
associated with a limited life of ball-screws. 

ENERGY-SAVING PERFORMANCE OF SUPER 
UNIT FOR INJECTION MOLDING MACHINES 

Figure 8 shows graphical plotting of comparison in 
terms of power consumption with injection molding 
machine in pressure maintaining mode. 
Compared with power consumption with a conventional 
hydraulic drive system that comprises an induction 
motor and a piston pump, Super Unit apparently 
exhibits significant reduction of power consumption. 
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Figure 8 Energy-saving effect with Super Unit for 
injection molding machines (in pressure maintaining 

mode) 

Figure 9-1 shows pressure-flow rate waveforms 
obtained from a run pattern (dry run) of an injection 
molding machine driven by the Super Unit, while 
Figure 9-2 provides those of the pressure-flow rate for 
the same run pattern of the machine driven by a 
conventional hydraulic pump unit. We can see that both 
pressure and flow rate can be reduced. Table 1 

summarizes comparison in terms of average power 
consumption, resulting from these run patterns. Under 
this run pattern, our Super Unit exhibits 41.5% 
reduction in power consumption compared with 
conventional hydraulic system. 

Table 1 Comparison in terms of average power 
consumption 

 Super Unit Conventional piston pump 
+ induction motor 

Power consumption kW 2.4 4.1 
Cycle sec 14.4 14.4 
Operating mode  Dry run 
Number of shots  248 248 
Duration of 
measurement hrs. 1.0 1.0 

Figure 9-1 Pressure-flow rate waveforms with Super 
Unit (run cycle for injection molding machine) 

Figure 9-2 Pressure-flow rate waveforms with 
conventional hydraulic pump unit (run cycle 

for injection molding machine) 

CONCLUSION 
The features of the energy-saving hybrid hydraulic 
pump unit series—Super Unit—have been presented. As 
the needs for conservation of the global environment 
have been growing in the industrial fields including that 
for injection molding machines, we believe the role of 
Super Unit will be increasingly important. We will 
remain committed to further improved energy-saving 
effect and more diversification of its applications. 
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ABSTRACT

This paper introduces the air cushion pressure control of the 140m Techno Super Liner (TSL), which Mitsui 
Engineering & Shipbuilding Co., Ltd. (MES) has constructed. TSL is an air-supported catamaran ship, which contains 
pressurized air between rigid side hulls. The ship dynamic performance is investigated through simulations, for the first, 
which is based on 3DOF motion (Heave/Pitch/Roll) and air cushion dynamics. It was performed for both model and full 
scale in various wave headings. The scale effect is discussed through simulation results. Then, the results of towing 
model tests in both regular and irregular waves are described. The model is equipped with lift fans and all the tests are 
carried out under the on/cushion conditions. The results of model scale simulations and model tests are compared and 
verified. With these results from the simulations and model tests, the design of the air cushion control system is 
discussed in terms of the fan stability and ship vertical accelerations. The basic concept of air-vent louver control is 
presented. As for the sea trial of the ship, it was successfully completed on October 12, 2005. Some of her splendid 
performances were demonstrated. A brief introduction of the trial is also presented in this paper.

KEY WORDS 

Motion Simulations, Model Tests, Scale Effect, Ride Control System, Air Suction

INTRODUCTION

In 2005, the new huge TSL was constructed as a cargo 
and passenger liner, and whose route was 1000km far 
away across the open sea.1) Her photograph is given in 
Fig.1 and the outline is given in Table 1.

Figure 1 140m huge TSL

The TSL is categorized into Surface Effect Ship (SES) 
and it has an aluminum catamaran-type hull form which 
contains an air cushion with flexible structures called 
seals at the fore and aft ends of the air cushion. 
Pressurized air is supplied into the cushion by eight lift 
fans and is retained by rigid side-hulls and the flexible 
seals. Fig.2 shows a perspective view of the hull form of 
the TSL without seals.

Figure 2 Perspective view of the hull form of the TSL
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The major part of the ship weight is supported by the 
excess air cushion pressure, with the rest of its weight 
supported by the buoyancy of the side-hulls. The ratio 
of the weight supported by air-cushion system to the 
total weight is called cushion borne ratio. The lifted 
condition is called on/cushion, while the condition 
where it is fully in displacement mode is called 
off/cushion. Fig.3 illustrates these two conditions.

Table 1 Outline specification of the TSL
Length over all 140.00 m
Length of design waterline 126.83 m
Breadth, mld.   29.80 m
Depth, mld.   10.50 m
Draft, mld. (Off cushion) 5.00 m
           (On cushion) 2.34 m
Gross tonnage 13,923 t
Dead weight 925 t
Maximum cargo payload 210 t
Maximum passenger number 740 p
Trial Maximum Speed 42.8 knot
Endurance 2,500 km
Propulsion machinery (2G/T & 2W/J)

Maximum continuous output 25,180 kW/unit
G/T : gas turbine (GE LM2500+) 2
W/J : water-jet (Rolls Royce 235S2) 2

Lift machinery (4D/E & 8L/F)
Maximum continuous output 4,000 kW/unit
D/E : diesel engine (Niigata 16V20FX) 4
L/F : lift fan (centrifugal type fan) 8

ETC (4B/T & RCS)
B/T : bow thruster (Nakashima 5blade CPP) 4
RCS : air vent louvers (MES) 

fin stabilizer (MDI) 
*RCS means ride control system

off/cushion on/cushion

Figure 3 Conditions of on/cushion and off/cushion

Practical applications of SES have been so far limited to 
relatively small craft such as fast patrol craft, military 
craft, passenger craft, and so on. The length of these 
craft is around 40 meters and the cushion borne ratio is 
about 80%. Some of the main challenges related to 
hydrodynamics of such small SES are discussed by
Steen2).
Whereas, the developed TSL is far larger than those 
craft, in fact, it has the length of 140 meters indeed. It is 

necessary to make the hull size large to some extent to 
cope with a longer voyage because of its large scale of 
the necessary accommodation, machinery, and dead 
weight including round-trip fuel oil. Besides, it is 
preferable to make the ship length long enough to 
achieve the tough seaworthiness in a seaway.
Fig.4 shows the frequency distribution of the wave 
height on the route of the TSL. The significant wave 
height of 5m is the worst intended conditions 4) of the 
TSL.
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Figure 4 Frequency of the wave height on the route

SES is known to offer a better seaworthiness in heavy 
sea states compared with conventional catamarans, 
which often experience wet-deck slamming. However, 
shallow draft causes air suction to the water-jets and air 
leakage from the cushion in some cases. Besides, in low 
and moderate sea states, there are said to be such 
discomfort due to high-frequency vertical accelerations 
caused by resonant oscillation of the air pressure in the 
cushion. 2) 3)

As a result of these considerations on typical features of 
SES, the TSL has been developed according to the 
concept of huge SES with the moderate speed and 
moderate cushion borne ratio. In fact, the speed range in 
terms of Froude number Fn is around 0.55 and its 
cushion borne ratio is about 70%. This new concept of 
the TSL has rather different effects on the 
hydrodynamics compared with the traditional fast small 
SES. Some of those dynamic features of the TSL were 
investigated through simulations and model 
experiments. 

MOTION SIMULATIONS AND MODEL TESTS

Mathematical models in motion simulations

As for the mathematical model adopted in motion 
simulations presented here, coupled equations of motion 
(Heave/Pitch/Roll) and uniform cushion pressure are 
solved numerically with an aid of strip theory. The ship 
is assumed to be advancing in regular sea waves in any 
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oblique direction. Equations of motion 
(Surge/Sway/Yaw) and the spatially varying pressure 
are not taken into account. In the air cushion 
thermodynamics, adiabatic process is assumed. The 
volumetric airflow into the air cushion is given by 
linearization of the fan characteristic curve about the 
ship equilibrium operating point. The ride control 
system (RCS) of a pair of roll fin stabilizers and 
variable air vent louvers are taken into account. More 
explanation in detail is given by Sorensen 3) and Kaplan 
5).

Model experiments in regular waves

The tests were conducted in regular head waves at a 
certain forward speed (corresponding to 34.2 knots), 
and in beam regular waves at rest condition. The lift 
fans were carefully adjusted to set a correct cushion 
pressure before towing. A set of motion, acceleration, 
and cushion pressure was measured. The test results are 
introduced in the following subsection with the 
simulation results. Fig.5 shows a photograph of the 
model advancing in head waves.

Figure 5 The model test in regular head sea

Motion simulations in model scale

As stated by Kaplan et al. 5), the natural frequency and 
damping of the heave-pressure mode of SES motion 
dynamics are not in accordance with the Froude's law of 
comparison. They are relatively higher in the model 
case than what would be indicated by the Froude scaling. 
This is the reason why it is difficult to predict the 
full-scale performance from the data obtained by model 
experiments according to the Froude scaling. To cope 
with this difficulty, it is necessary to validate the 
observed model data by means of simulation results for 
the same conditions, using the appropriate model scale 
parameters, and then to get the full-scale prediction with 
full-scale parameters by means of simulation.
A comparison between heave response amplitude 
operator (RAO) obtained by the simulation and the one 
from the model test is shown in Fig.6. The ship is 
advancing in head regular waves at corresponding ship 
speed of 34.2 knots (Fn=0.5). Similar comparisons for 
pitch, accelerations, and cushion pressure are also 
shown in Fig.7 through 9. All the simulation results are 
based on model scale parameters, but do not take any 
RCS into account.
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Figure 6 Heave RAO in head sea (Fn=0.5)
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Figure 7 Pitch RAO in head sea (Fn=0.5)
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Figure 8 MIDSHIP acceleration RAO in head sea 
(Fn=0.5)
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Non-dimensional uniform pressure variation
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Figure 9 Non-dimensional uniform pressure variation
RAO in head sea (Fn=0.5)

Although some exaggerated humps in simulation results 

simulation results are in good agreement with the 
experimental ones for the most part. Such humps are 
caused by wave volume-pumping phenomena, and some 
of the linearizing assumptions might induce an 
exaggerative estimation in these
As long as the model scale parameters, the simulation is 
valid on the whole.

Full scale motion simulations

It is advisable to recognize the scale effect stated above
by means of the simulation before full-scale prediction. 
Fig.10 shows a comparison between heave response 
amplitude operators (RAO) obtained by the full-scale 
simulation and the one by the model-scale simulation. 
The ship is advancing in head regular waves at 
corresponding speed of 34.2 knots (Fn=0.5). A simple 
RCS of the air vent louver is taken into account in the 
full-scale simulation to avoid a serious resonance in the 
pressurized air cushion. Fig.10 also shows typical sea 
spectra of significant wave height of 3m and 4m to 
illustrate the power density distribution of the irregular 
sea states.

HEAVE RAO & SEA SPECTRUM
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Figure 10 Heave RAO in head sea of model-scale and 
full-scale, with the typical sea spectra

full-scale simulation result. This is caused mainly by the
resonance with the natural frequency in the pressurized 
air cushion and the lower damping of the heave-pressure 
mode. The natural frequency of the uniform air cushion 
pressure is about 0.5Hz, which induces certain vertical 
accelerations in the high frequency region. This 
phenomenon is not recognized in the model tests. This 
is the reason why it is important to validate motion 
simulations in design of huge SES.

Ride control systems (RCS) 

The TSL has two ride control systems; a louver system 
for air cushion pressure fluctuation control and a fin 
stabilizer system for roll motion control.
Fig.11 shows the photograph of the fore louver system.

Figure 11 Photograph of the fore louver system

The louver opens or shuts the air vent automatically
according to the information from pressure sensors to 
reduce the pressure variation. This control system is 
effective to reduce the heave motion and vertical 
accelerations mainly caused by the resonance of the 
cushion pressure at high frequency region. Fig.12 shows 
the vertical acceleration obtained by simulation and sea 
trial at the head sea. It has been made clear that the 
vertical accelerations with RCS/ON are about 20% 
lower than those with RCS/OFF. 

Figure 12 Vertical accelerations (single amplitude) 
obtained by the simulation and sea trial of the TSL
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Figure 13 Photograph of the fin stabilizer system

In addition, the TSL has one pair of the fin stabilizer to 
damp the roll motion. Fig.13 shows the photograph of 
the fin stabilizer system. Fig.14 shows the simulation 
results of the significant roll angle in beam sea with 
RCS/ON and RCS/OFF. The TSL is assumed to be 
advancing at 34.2 knots .The fin stabilizer system with 
advancing at high speed is very effective to reduce roll 
motion, so the horizontal accelerations are also reduced.

Figure 14 Significant roll angle (single amplitude)
 in beam sea  (34.2 knots)

AIR SUCTION TO WATER-JETS AND DESIGN 

OF THE INELT SHAPE

Air suction to water-jets

In the design about seakeeping performance, it is 
important to consider prevention of the air suction to 
water-jets in waves if the design draft is shallow like 
SES. The air suction often occurs when the water-jet 
inlet is close or above the sea surface2).
The reason why the air suction is serious is that this 
phenomenon often leads to torque fluctuation or main 
engine trip. 

Design of the inlet shape and model tests

One of the effective countermeasures to prevent the air 
suction is to design appropriate inlet shape for wave 
condition. In the design of TSL, scoop-type inlet was 

developed to cope with this matter. Fig.15 shows the 
model of scoop-type inlet with conventional flush-type 
inlet.
The water-jets with scoop-type inlet draw deeper water 
than ones with flush-type inlet, so it is hard to suck up 
air with water. The added resistance due to protuberance
by the inlet is also smaller than pod-type inlet.

Figure 15 Model of the flush-type inlet (above) and 
scoop-type inlet (below)

The model self-propulsion tests were carried out to 
investigate flow rate fluctuation in waves. In these tests, 
pressure at water-jet outlet was measured and the flow 
rate was calculated from the pressure. Eye observation 
around inlet and outlet is also effective to grasp this 
phenomenon. Fig.16 shows an example of the flow rate 
fluctuation with scoop-type inlet and flush-type inlet for 
comparison, where the TSL is advancing in head 
irregular waves (H1/3=3.0m) at corresponding ship speed 
of 34.2knots (Fn=0.5).

Figure 16 An example of the flow rate fluctuation with 
flush-type inlet (above) and scoop-type inlet (below) in 

head irregular waves (34.2knots, H1/3=3.0m)

It has been made clear that the large-scale air suctions 
found with flush-type inlet doesn t occur with 
scoop-type inlet. A simple simulation about main engine 
revolution was also carried out with scoop-type inlet. 
The torque fluctuation was assumed to be in proportion
to the flow rate fluctuation. An example of the 
simulation result is given in Fig.17, where the TSL is 
advancing in head irregular waves (H1/3=3.5m).
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Figure 17 An example of the main engine revolution
and water-jet torque fluctuation in waves

The main engine revolution sometimes rises up 
corresponding to the water-jets torque deduction, but it 
is confirmed that the extent rise is low enough to avoid 
the trip phenomena. 
 In addition, the louver opening condition is also 
controlled to reduce the cushion borne ratio in waves. It 
makes the ship draft and water jet immersion deeper. 
This control is effective to not only the prevention of air 
suction but also the reduction of acceleration caused by 
the leakage of cushion air.

BRIEF REVIEW OF THE TRIAL RESULTS

MES successfully completed a sea trial of the 140m 
TSL on October 12, 2005. The sea trial has made it clear 
that the performance of the TSL exceeds design 
requirements in many respects. Especially, the speed of 
42.8 knots (about 80km/h) was confirmed at the 92% 
MCO in spite of sea condition with the wave height of 2 
meters. 
As for the dynamic performance, it has been made clear 
that the significant vertical acceleration is below the 
estimated one and the maximum horizontal acceleration 
is far below the safety level 1 defined by 2000 HSC 
code in all conditions encountered in the sea trial.    .

CONCLUSIONS

The TSL was developed according to the concept of 
huge SES with moderate speed and cushion borne ratio, 
to achieve the tough seaworthiness for the long voyage. 
This new concept of the TSL has various unique 
dynamic features and they were investigated through 
simulations and model experiments.
As for the full-scale performance prediction, it is 
necessary to depend on not only model testing but also 
simulation because of the lack of applicability of Froude 
scaling. In terms of the model scale parameters, the 
present simulation is successfully verified being 
compared to the model test results.
It is only the well valid simulation that predicts the 

full-scale dynamic performance of the TSL. The 
simulation has made it clear that the vertical 
accelerations in the high frequency region are prominent 
when advancing in head waves.
The model test and simulation about air suction to the 
water-jet in waves were also carried out and effective
scoop-type inlet was developed.
These investigations played an important part in 
realization of such a large TSL.
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APPLICATION OF THE “ASR SERIES” AC SERVO MOTOR DRIVEN 
HYDRAULIC PUMP TO INJECTION MOLDING MACHINES 

Kenichi TAKAKU*, Hirokazu HIRAIDE**, Koichi OBA** 

* International Sales Department, Yuken Kogyo Co., Ltd 
4-8, Shiba-Daimon, 1-chome, Minato-ku, Tokyo, 105-0012 Japan 

(E-mail: ke.takaku@yuken.co.jp) 
** Research and Development Center, Yuken Kogyo Co., Ltd. 

4-4-34, Kamitsuchidana-naka, Ayase-shi, Kanagawa Pref. 252-1113 Japan 

ABSTRACT 

Injection molding machines typically use hydraulic or electric systems, the selection of which depends on the performance, energy 
saving, investment cost, etc. Although hydraulic systems have the major disadvantage that they are less energy-efficient, it is well 
known that they have the advantage of high response and high thrust required for the control of pressurization and pressure holding. 
This paper introduces a control system and an AC servo motor driven hydraulic pump that are full-hydraulic and can achieve higher
energy saving efficiency and performance. It also reports the current market trend toward the application of the system in Japan and 
overseas. 

KEY WORDS 

AC servo motor driven, Bidirectional hydraulic pump, Hybrid, Energy saving, Space saving 

INTRODUCTION 

As the need for energy saving has grown, hydraulic control and 
circuitry have evolved accordingly. The development and 
application of load sensing pumps and valves and electronically 
controlled variable displacement pumps have all contributed to 
improved performance and energy saving for injection molding 
machines. The advantages of hydraulic systems - simple 
structure, easy application to larger injection molding machines, 
long service life, and low lifetime cost - are offset by the energy 
cost. 
As servo motors achieve higher thrust and smaller size, electric 
systems with high energy saving efficiency and cleanness 
compared with hydraulic systems have become a mainstream 
drive source for injection molding machines in Japan. 
This paper introduces a hydraulic pump control system (also 
referred to as a hybrid system since it is driven by an AC servo 

motor). The system provides pressure and flow control to 
achieve a level of energy saving equivalent to electric systems, 
thus overcoming the major disadvantage related to hydraulic 
systems. 

AIM OF THE DEVELOPMENT OF THE ASR SERIES 

- Concept of the development of Yuken’s rotational speed 
control system 

The concept for development is to maximize the “advantage of 
hydraulic control” established over years, to achieve a level of 
energy saving equivalent to full-electric systems, and to provide 
higher performance than that of conventional injection molding 
machines. Based on this concept, the development of the ASR 
series aimed to provide higher performance than that of 
electronically controlled variable displacement swash plate type 
piston pumps and achieve a level of energy saving equivalent to 
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electric systems by directly controlling the rotational speed of a 
bidirectional hydraulic pump with an AC servo motor. 

Figure 1 Proportional Electro-Hydraulic Variable 
Displacement Piston Pump 

Figure 2 AC Servo Motor Driven Hydraulic Pump 

- Specific goals of the development 
(1) Energy saving: Achieving low power consumption 

equivalent to that of electric injection molding machines 
and/or half or less than half of that of variable displacement 
pump control 

(2) Performance improvement: Providing higher response and 
improving stability during operation at low pressure and low 
speed 

(3) Low noise: Achieving a lower noise level than that of 
electric injection molding machines 

(4) Low heat generation: Significantly reducing the tank volume 
(space saving), eliminating the necessity of oil cooling, or 
allowing the natural radiation of heat 

(5) Improvement of reliability and product quality 
(6) Cost: Reducing the TCO of hydraulic molding machines 

(including initial investment, running cost, and maintenance 
cost) 

(7) Full utilization of hydraulic technology: Regardless of 
whether the toggle type or the direct pressure type is used, 
maximizing the advantage of each molding machine 
manufacturer. Also, easily retrofitted onto existing hydraulic 
molding technology. 

PRODUCTS AND SPECIFICATIONS 

Following the A series, a well proven drive source for injection 
molding machines, the ASR series has a pump size 
(displacement) of 16 to 145 cc/rev. The ASR series also includes 
a dual displacement type for high speed injection or for 
operation with smaller motor capacity. The ASR series operates 
at 16 to 21 MPa, a typical range of operating pressures of 
injection molding machines determined based on experience. 
A special motor and driver for pump driving have been 
developed with the characteristics of torque vs. rotational speed 

appropriate for providing high speed and high load for the 
control of injection molding machines. The motor and driver 
also have an enhanced function for overload protection. 
The ASR series has adopted a piston pump as the hydraulic 
pump and an AC servo motor as the driving motor for the 
following reasons. 
- Piston pump 

Efficiency and leakage in a low speed range (pressure gain) 
Variable displacement 

- AC servo motor 
High response and high torque for low speed operation 

Table 1  ASR Series 
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(1) Configuration of hydraulic circuits and components for 
Injection molding machines (Figure 7) 

(2)Data obtained from actual operation (torque, rotational speed, 
etc.) (Figure 8) 

REQUIREMENTS FOR DRIVE SYSTEMS AND 
CAPABILITIES OF THE ASR SERIES 

Generally, full-electric systems are regarded as high-precision 
and high-performance systems compared with hydraulic 
systems. However, full-electric systems are based on full-closed 
loop control unlike hydraulic systems that utilize open loop 
control; considering this difference in the basic principles, the 
comparison above may not be appropriate. The development of 
the ASR series has assumed that the open loop control method 
may be more appreciated in overseas markets, especially in 
China, Taiwan, and Korea. Based on this assumption, the focus 
of the development has been on the improvement of system 
performance. The major features of the ASR series are 
described below. 
(1) Control range (pressure and flow rate) 
The ASR series pump is driven by a servo motor, and it is 
advantageous to operate it with as high rotational speed as 
possible. Taking into account the pump’s suction characteristics, 
the maximum rotational speed has been set at approximately 
2500 rpm. This setting allows for a significant expansion of the 
flow control range. 
In respect of pressure control, variable displacement swash plate 
type piston pumps operate with self pressure control, with a 
restriction on the minimum adjustment pressure. Our system, on 
the other hand, basically uses zero pressure as the minimum 
adjustment pressure. It should be noted that, for practical use, the 
minimum adjustment pressure is determined by tank pressure. 
(2) Response characteristics (when compared with full-electric 
or valve-based systems) 
Inertia load applied to pump rotors is generally lower than that 
applied to servo motors. Therefore, the start-up response largely 
depends on the capability of servo motors. In the development 
of the ASR series, a goal has been set to provide response 
characteristics that are superior to those of variable displacement 
swash plate type piston pumps and are equivalent/superior to 
those of full-electric systems. Our system has a flow start-up 
time of 40 to 60 ms. 
If higher response is required for direct driving with a servo 
motor, it is feasible to increase the pump displacement and 
reduce the maximum rotational speed. 
As the injection rate of injection molding machines increases, a 
shorter start-up time is demanded. The start-up time is 8 to 10 
ms for systems using hydraulic servo valves, 40 to 60 ms for our 
system and full-electric systems, and 60 to 120 ms for variable 
displacement swash plate type piston pumps. Thus, there are 
definitive differences in response characteristics between these 
categories. 

Figure 5 ASR3’s Step Response 

(3) Repeatability 
A principle requirement of injection molding machines is that 
variations in the weight of molded products are stable. As a 
matter of course, the repeatability of speed and pressure is an 
important factor in terms of hydraulic control. The repeatability 
is especially important upon switching from speed control to 
pressure holding since it is related to load. 
(4) Fluid temperature drift, LQC, Q-Comp 
Conventionally, hydraulic systems have the major disadvantage 
that the flow rate varies due to fluid temperature drift, affecting 
the stability of products. However, as our system does not 
depend on valve control, it can significantly reduce this problem 
compared to conventional systems. In addition, our system 
eliminates the necessity of flow rate compensation during low 
pressure operation or due to load pressure variations, which has 
been the basis for conventional variable displacement swash 
plate type piston pumps. 
(5) Energy saving 
Most of energy consumption by injection molding machines is 
accounted for by driving power and electric power for nozzle 
heaters. A major concern has been to reduce driving power 
consumption. The hydraulic driving system presented in this 
paper basically “consumes power only when necessary” and is 
equivalent to electric systems in this respect. In addition, our 
system has been improved by replacing the control using an 
induction motor driven pump for conventional hydraulic driving 
systems with a control using an AC servo motor driven pump. 
There are many reports that the application of our system, which 
is driven by an AC servo motor, to injection molding machines 
may reduce power consumption by 70 to 80 % compared to 
fixed displacement pumps or by 40 to 60 % compared to 
variable displacement pumps, depending on the molding 
condition. 
The data below shows pump efficiency based on total power 
consumption for each driving motor type. The data reveals a 
significant difference in efficiency between the AC servo motor 
driven pump and the induction motor driven pump. 
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Figure 6 Power Consumption Efficiency for Each Pump 
Driving Type 

FUTURE DEVELOPMENT 

Japan has taken a technological lead in the market of injection 
molding machines. Particularly, great advancement has been 
made in the field of small/mid-size precision molding machines 
for IT and electronics parts and in the field of full-electric 
systems for large-size injection molding machines. Ten years 
have passed since full-electric systems appeared in the market, 
but our perspective is that hydraulic systems, particularly 
including the system introduced in this paper, are attracting 
attention and being rapidly adopted in Japan and worldwide 
because of their advantages, such as cost-effectiveness, 
reliability (failure tolerance), and application to larger-size 
injection molding machines. 
Urgent challenges related to our system include achieving 
further higher response and developing high flow pumps and 
servo motors for supporting larger-size injection molding 
machines. At the same time, price reduction is a major issue 
since hydraulic systems are widespread in the market, and price 
competition has already become harsh. This trend is apparent in 
the development of systems focusing on the improvement of 
energy saving performance. 

In respect of higher response, full-electric systems that achieve 
an injection rate of 800 mm/s in 15 ms are already available in 
the market. This fact means that the response provided by such 
systems is approaching the region covered by hydraulic servo 
valves. The future development for achieving higher response 
will be addressed considering this trend. 
For large-size injection molding machine applications, the best 
development option may be total flow control, but this will need 
to be judged against cost. 
To improve precision and performance, the modification of our 
system into a full-closed loop type will be looked at. This 
modification will entail the creation of a common view with 
overseas machine and control panel manufacturers. 
Our system will be accepted in the field of both full-electric and 
full-hydraulic injection molding machines. The system was first 
marketed and adopted for injection molding machines in 2006 
and started to prevail in 2007. One of the world-class injection 
molding machine manufacturers has announced a production 
plan for 2008, stating that its production mix will be 50 % 
full-hydraulic systems, 35 % hybrid systems (our ASR system), 
and 15 % full-electric systems. It can be said that this estimate 
predicts the share of each drive method in the future. 

Figure 8 Operating Characteristics of Injection Molding 
Machines 
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INTRODUCTION

Technologies in steering systems have been advancing 
since hydraulic PS (power steering) for automobiles 
started to be adopted in the 1950s. Steering systems that 
support a function of turning are recently facing rapid 
progress of electronic control in order to meet market 
needs such as improvements of energy efficiency and 
safety as well as comfort. 

After 1980, an electronically controlled hydraulic PS, 
hydraulic PS with motor-driven pump, and electric PS 
have been developed and manufactured. Steering 
technologies have improved remarkably when compared 
with conventional hydraulic PS technologies[1]-[3]. 

The development of electric PS will continuously 
make progress.  However, there still remain various 
issues such as adoption to heavier duty vehicles and 
global mass-production. With a background like that, 
saving energy of hydraulic PS is one of the main issues 
from an environmental viewpoint. 

INFLUENCE ON STEERING ENERGY 
CONSUMPTION 

Current hydraulic PS with constant flow accounts for 
3% in the energy consumption of a car. Figure 1 shows 
the breakdown of the energy loss.  The largest energy 
loss is the over flow loss of pump (1.4%), the second is 
loss by system weight and efficiency loss from belt & 
pulley (0.5% each), and the third is the over flow loss by 
the flow control valve (0.3%). 

Figure 1 Steering System Energy Consumption 

In this system, wasteful energy is consumed when 
driving straight or driving at high speed that do not 
require steering operations because the engine-driven 
hydraulic pump is constantly operating. 

As a countermeasure for energy saving, we can 
provide the following steering systems. 

1) Hydraulic type PS with low-flow high-pressure 
pump 

2) Hydraulic-electric type power steering (H-EPS) 
3) Electric power steering (EPS) 

Figure 2 shows the ratio of energy consumption of 
these steering systems. 

TECHNICAL TRENDS IN STEERING SYSTEMS 
Hiroyuki MIYAZAKI 

Engineering Planning Department 
JTEKT Corporation 

333, Toichi-cho, Kashihara, Nara 634-8555 Japan 
(E-mail: hiroyuki_miyazaki@jtekt.co.jp) 

ABSTRACT 

Automotive steering systems have gone through the transitions from non-assisted type to hydraulic-assist type, 
and then, to electric-assist type for its assist.  Still, some issues are remaining to adopt the electric-assist type 
steering to heavier duty vehicles. Therefore, we are depending more on the technology of electrically controlled 
hydraulic power steering. 

This paper covers the technical trends in regard to power steering (PS) energy saving, especially focuses on 
electronic control of hydraulic PS. 

KEY WORDS 
Electric Steering, Hydraulic Steering, Energy Saving

133

Proceedings of the 7th JFPS International
Symposium on Fluid Power, TOYAMA 2008

September 15-18, 2008

OS6-1

Copyright © 2008 by JFPS, ISBN 4-931070-07-X



     Figure 2 Energy Consumption Comparisons by  
Power Steering System 

               
DEVELOPMENT TRENDS AND ISSUES OF 
ELECTRIC PS 

Since electric power steering (EPS) was first adopted 
to mini-sized vehicles in 1988, the output power of EPS 
has been improved.  And now it covers from passenger 
cars to SUV. The number of vehicles with EPS will 
increase year after year. The EPS is expected to take 40% 
of the steering market in 2010. (See Figure 3 and 4.) 

There are three types of EPS depending on where the 
motor assist power is supplied (column-assist type, 
pinion-assist type and rack-assist type).  Figure 5 shows 
a widely used column-type EPS[4]. 

                    Figure 3 

     Figure 3  Steering System and Vehicle Segment  

         Figure 4  Steering Type Transition 

        Figure 5 Column Type Electric PS  

The steering market will accelerate the shift to EPS for 
improvement of environment and safety.  However, we 
still depend more on hydraulic PS. 

The EPS has issues such as packaging, high power, 
steering feeling, cost, global supply and so on. When 
high power specifications are required, not all EPS can 
be installed. It depends on the motor size. The maximum 
output of EPS is limited by the mechanical strength of 
the structure. Therefore, it cannot cover all current 
hydraulic PS range. Regarding steering feeling, drivers 
have been familiar with the steering feeling of hydraulic 
PS for a few decades since it was released.  Smooth and 
comfortable steering feeling was realized through fuzzy 
media, called hydraulic pressure, between a steering 
wheel and tires. Although the steering feeling of EPS has 
been improved and getting close to that of hydraulic PS 
thanks to advancements in electronic controlled 
technologies, we can say that it is not easy to receive 
benefit from hydraulic damping effect. 

ENERGY SAVING TECHNOLOGY OF 
HYDRAILIC PS SYSTM 

As mentioned above, we are depending more on 
hydraulic PS. Our energy-saving technologies with some 
examples are introduced. 

1) Hydraulic type PS with low-flow high-pressure 
pump 

As shown in Figure 6, the PS is in unloaded condition 
(non-steer) for most of the driving time (80 to 90%). 
Therefore, it is effective to reduce the energy loss. The 
equation below (1) is a pump consumption torque 
formula, based on the experiment. The consumption 
torque of PS pump can reduce its internal pump pressure 
by reducing the flow in non-steering conditions. 
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   Figure 6  Steering Condition and Pump Pressure 

                 
The external outline of a Variable Flow Control pump 

is shown in Figure 7.  It has a structure to receive 
signals of vehicle speed and steering angle into the ECU, 
and go through the compact electromagnetic valve to 
provide appropriate amount of flow into the pump. 

          Figure 7 VFC Pump Outline 

        Figure 8 VFC Pump Control Methods 

Figure 8 shows a relation between vehicle speed and 
PS pump flow. It provides comfortable and safe steering 
operations by reducing the flow in non-steering 
conditions, and by increasing the flow when driving at 
high speed or when turning the steering wheel fast. 

2)  Hydraulic-electric type power steering (H-EPS) 

H-EPS is an energy-saving PS, which does not have a 
pump driven by engine but has an electric pump. The 
system structure is shown in Figure 9. A pressure 
balanced gear pump (see Figure 10) has an advantage 
over a commonly used vane pump in efficiency[5]. It
has a feature to rotate the motor appropriately based on 
the signals of vehicle speed and steering angle. Figure 11 
shows the hydraulic control diagram. 

                               

                Figure 10 

Figure 9 Hydraulic-Electric PS Outlines 

                 

      Figure 10 Gear Pump for H-EPS 

      Figure 11 Hydraulic Diagrams of H-EPS 
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Figure 12 shows a relation between steering velocity 
and motor rotational speed.  It provides comfortable and 
safe steering operations by reducing the motor rotation in 
non-steering conditions, and by increasing the rotation 
when driving at high speed or when turning the steering 
wheel fast. 

        Figure 12 Control Map of H-EPS 

The following is a control approach; stand-by type and 
stop-and-go type[6]. 

<Stand-by type control> 
The simplified low cost controller, without using an 

external sensor, controls the electric pump efficiently to 
prevent loss of extra energy.  As shown in Figure 12, it 
puts the motor into low rotation when driving straight or 
making a stop and into high-speed rotation when power 
assist is needed. 
<Stop-and-go type control> 

By controlling the motor with a torque sensor or a 
steering angle sensor, it stops the rotation of motor while 
driving straight or making a stop to save energy. 

SUMMARY 

The steering systems are shifting from hydraulic type 
to electric type. However, hydraulic PS is a system 
expected to maintain its market share over 50% even 
after 2010. Considering the prospects of the market, 
hydraulic PS combined with electric control technologies 
that contribute to energy saving is an important 
technology to support the motorized society. It is 
expected to bring out the best of the hydraulic PS more 
and develop the technologies to make further 
contribution to the world.  
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INTRODUCTION
The specific approach on the environmental problem is 
socially requested, for instance the Kyoto Protocol.   

INTRODUCTION  OF THE LATEST HYDRAULIC 
CONTROL SYSTEM FOR AUTOMATIC 

TRANSMISSION

Takashi SHIBAYAMA*, Hiroyuki YADA*, Yoshio MORITA* and Masumi FUJIKAWA* 

*R&D Division , JATCO Ltd 
BENEX S-3 , 3-20-8 Shin-Yokohama , Kohoku-ku , Yokohama City , Kanagawa 222-0033 Japan

ABSTRACT 

From the social background of global warming issue, earth environment protection issue and the rise of oil price,the 
demand of the improvement of fuel economy and CO2 reduction to a vehicle is very high nowadays. Continuously 
variable transmission (CVT) adoption has  been  recently  increased  to respond such social demand.  JATCO is now 
also expanding the lineup of CVT as new solution for vehicle automatic transmission.  In CVT, the shift control 
hydraulic pressure is a little bit higher than that of conventional stepwise shifting automatic transmission. So, 
unstable behavior of pressure is sometimes caused, for example, pressure oscillation. Such issue should be solved in 
early development stage. In this paper, we would like to introduce the feature and the techniques of oil pressure 
control system of CVT as an example of latest hydraulic control system for automatic transmission .And we would 
like to introduce our recent  simulation for the optimal design of hydraulic control system. 
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CVT , Fuel economy , Hydraulic simulation , Oil pressure stability 
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The technology for the improvement of fuel economy 
like the CO2 emission control etc. is assumed to be an 
important strategy of technology for an auto sector, and 
many companies are accelerating development  
to achieve the fuel economy improvement target. (Figure 
1.) 
Especially, the efficiency improvement of the power  
train composed by engine & transmission greatly 
contributes to the improving fuel economy.  
Regarding the transmission, the automatic transmission 
is a main current. And the share of it is 90 percent or 
more in Japan and the United States. Therefore, the 
further improvement as an environmental measure is 
expected to the automatic transmission.  
By such background, continuously variable transmission 
(CVT) adoption has been increased recently. Compared 
with stepwise shifting automatic transmission (STEP
AT), CVT can make more flexible speed ratio, not
stepwise, but continuously.  By the flexibility of the CVT,

the engine operation condition can be maintained at 
optimal point for fuel economy. Moreover, CVT is very 
simple and that is good to adopt vehicle without greatly 
changing the system of the vehicle.  It is simpler than the 
fuel cell vehicle system or the hybrid vehicle system. 
Therefore, recently, CVT adoption is expanding as a 
general technology for contribution to environment 
protection. 
The torque capacity of CVT used to be small. It had 
started for the small, compact vehicle. But currently, 
CVT exists from the light vehicle to large vehicle with 
displacement volume 3.5L engine. 

It shows that CVT has become very common, available 
technique for almost all vehicles which are general front 
wheel drive vehicle. By such background, 
as the one of main movement of transmission, 
automobile manufacturer has expanded the model 
equipped with CVT. Figure 2

Figure 2 FWD CVT Torque Capacity Trend 

CVT Unit structure 
This chapter describes the belt CVT that is the main 
current in the CVT.  
Regarding the structure of the CVT, several 
improvement  has been developed. The big topic was 
adopting torque converter. Since "Hyper-CVT" that was 
released in 1997 by Nissan, torque converter starting 
system has become very common for CVT. 
Figure.3 shows the torque flow of the CVT. Figure.4 
shows the current typical CVT internal structure.  
The torque input from the engine is input to the planet 
gear through the torque converter.   
D range, R range, and the neutral are switched by a 
planet gear and multiple plate clutch combination.  
The output torque from the planet gear is input to input 
pulley of the variator. And output from the output side 
pulley is transmitted to reduction 
gears. And, the torque is distributed by differential gear 
to right and left driveshaft and it is output to the tires 
finally. 
The shift control is operated by pulley actuator. 

Fuel economy target (EUR,JPN,US)Fuel economy target (EUR,JPN,US)
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Beside the input pulley, a hydraulic control piston  
is equipped and also beside the output pulley another 
hydraulic control piston is equipped. 
In shifting, these two piston are actuated by hydraulic 
pressure, and the two pulleys are moved 
to adequate position to get targeted speed ratio. 
The multiple plate clutch for obtaining forward and 
reverse is also controlled by hydraulic pressure. Torque 
converter inner pressure is also controlled by 
same hydraulic control device. In such way, hydraulic 
control system has many roles for CVT. 
CVT Hydraulic Control System 
Figure 5 shows the outline of the CVT hydraulic control 
system.  
Figure 6 shows the CVT hydraulic control unit. 
The oil pump is driven by the drive chain (Refer to 
Figure 4) that is set on the engine input shaft and the oil 
pressure is generated.  
The oil pressure from the oil pump is regulated by 
Pressure Regulator Valve (P.Reg), and this regulated oil 
pressure becomes supply pressure to the pulley.  
The oil that remains by P.Reg flows to Clutch Regulator 
Valve (CL.Reg.) that is in the downstream. 

Figure 3 The torque flow of the CVT 

Figure 4 the current typical CVT internal structure 

The oil pressure from P.Reg is regulated by CL.Reg 
proportionately to the P.Reg pressure, and this oil 
pressure becomes supply pressure of the clutch.  
In addition, the oil that remains by CL.Reg flows to 
Torque Converter Regulator Valve (T/C.Reg) that is in 
the downstream. It is regulated to constant pressure in 
T/C.Reg, and this oil pressure becomes supply pressure 
to Torque Converter.  
At each driving condition, an optimal oil pressure is 
calculated by the CVT control unit(C/U). And, it is input 
from C/U to each actuator (solenoid valve and Stepping 
Motor (S/M)) as a output signal. Therefore, oil pressure 
can be optimized proportionately to the torque. As a 
result, the friction loss by an excessive oil pressure can 
be reduced.  
When changing the speed ratio, S/M is operated. 
The speed ratio is changed by operating Shift Control 
Valve (SC/V) connected with S/M. Primary pulley is set 
on extension line of  SC/V and S/M. The oil pressure is 
adjusted physically detecting the pulley position by this 
structure.
The pulley oil pressure is automatically adjusted by 
physically controlling the position. An optimal changing 
speed is achieved by this technology not being 
influenced to differences of parts. In addition,  it 
contributes to the reduction of the friction loss by the oil 
pressure accuracy.  
This mechanism is a typical technology for CVT ratio  

Oil Pump
Control valve 

Engine input 

Oil Pump drive Chain 
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control. There is another technology, that has not have  
such mechanical link, with directly pulley pressure 
control system. Input pulley and output pulley actuator 
pressures are directly controlled by solenoid valves. 
 The merit and the demerit of the two systems are exist.  
We cannot say which is better or not. Today, we would 
like to mention about the former system.  
Recent trend for CVT oil pump is vane pump driven by 
chain. This system can reduce oil pump drive torque and 
is contributing to improve CVT efficiency.(Figure.7) 
And further development is proceeding around pump 
technology. Variable displacement pump or part time 
operating pump, for example electric driven pump, will 
be the technique for near future.  Because CVT control 
system needs a little bit higher pressure than that of 
STEP AT(CVT:5.7MPa MAX , STEP AT:1.8MPa 
MAX), the reduction of oil pump loss is very important 
for fuel economy. So that such new pump improvement 
technology is now eagerly waited. 

Figure 5   Outline of the CVT hydraulic control system.  

Figure 6  Hydraulic Control unit 

Figure  O/P ASSY(vane pump) 

And another issue caused by the little bit higher pressure 
utilization compared with STEP AT is system 
stability.  If the pressure becomes higher, it is sometimes 
caused unstable issue, for example pressure oscillation. 
Such issue require long time for solve. 
For the smooth development of new control system, 
a system stability analysis is very important. 
It is necessary to predict such stability issue and to 
facilitate adequate countermeasure  in early development  
stage.

With such back ground, JATCO has recently developed 
simulation system for predict hydraulic pressure behavior 
for CVT control hydraulic system. 
In the next paragraph, we would like to mention about 
our hydraulic simulation system.  

CVT HYDRAULIC SIMULATION 

Figure 8 shows the control model of the CVT hydraulic 
control system.  
Oil pressure stability 
The simulation technique and the result concerning the 
stability of the valve are described.  
For example, the simulation model of Torque Converter 
Pressure is assumed to be a model like Figure 9.  
When oil flows from the upstream (solid line) and it 
reaches the given pressure, the port of spool valve is 
opened and the remaining oil is exhausted (short dashes 
line).  
We confirmed the oil pressure stability at the moment of 
opening the port when SPOOL is operated. Figure 
10
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Figure 8  AME-Sim Full model 

Figure 9   Simulation model (T/C Reg.) 

Figure 10 The behavior of T/C Reg pressure and T/C 
Reg stroke 

In an initial setting, the problem about oil pressure 
stability turned out in the calculation. 

Then, by confirmation of the sensitivity and the 
correlation between the feedback orifice area and Torque  
Converter Pressure, optimal orifice diameter was set.In 
addition, by experimenting, the validity of the simulation 
was confirmed. Figure 12

It shows that the experiment results correspond to the 
simulation results. 

Figure 11 The behavior of the Torque Converter Pressure 
(The most suitable orifice diameter) 

Figure 12 The correlation of the orifice diameter and the 
Torque Converter Pressure 

SUMMARY 

In this paper, the outline of latest hydraulic system of   
transmission, future direction of the technology, the 
typical concerning, and the solution technology with an 
example of CVT hydraulic system are described.. 

Feedback
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Output 
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JATCO would like to continue to contribute to the social 
demand, progress oft transmission technology and the 
progress of fluid power technology. 
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ABSTRACT 

This paper investigates power management strategies for hydraulic hybrid passenger vehicles.  Parallel, series, and 
power-split architectures are modeled and explored in the Matlab environment using variable efficiency hydraulic 
pump/motor models.  Results are presented using a rule-based strategy with ad hoc selection of engine on/off 
setpoints for the accumulator and transmission gear shifting.  The dynamic programming algorithm is then used to 
determine the optimal trajectories for engine/hydraulics power splitting for each of the architectures over urban and 
highway drive cycles.  Results are then compared to baseline simulation for improvement.  Using the given vehicle 
parameters, the parallel architecture for both the urban and highway drive cycles was shown to be best.  By 
decreasing the volumetric displacement of the hydraulic pump/motors for the power-split configuration, fuel 
economy can be improved with a corresponding decrease in acceleration. 

KEY WORDS  

Key words: Hydraulic Hybrid Vehicle, Power Management, Dynamic Programming, Optimization 

NOMENCLATURE 

L : Fuel consumption in one time step (g) 
k : Time step index 
N : Number of time steps in drive cycle 
u : Control vector 
x : State vector 

INTRODUCTION 

A major source of global energy consumption is 
transportation, which consumes approximately 4.8 
billion barrels of crude oil per year in the United 
States, as of 2003.  Passenger vehicles consume 2 
billion barrels of the total with a value of over $200 
billion at $100/barrel [1].  This significant usage of 
oil for passenger vehicles is the motivation for 
developing a vehicle that dramatically improves the 

fuel economy.  A promising way to improve mileage 
is with a hybrid vehicle. 

A hybrid vehicle is one that contains two sources of 
power, with one source most commonly being an 
internal combustion engine.  The other power source 
can be mechanical in the form of a flywheel, electric 
in the form of motor/generators and batteries, or 
hydraulic in the form of pumps/motors and 
accumulators.  The hybrid also allows energy storage 
during braking. 

Currently, mass produced hybrid vehicles for 
passenger vehicles have been electric hybrids.  One 
reason is the technological advances that have been 
made in electronics over the past few decades.  Also, 
electric batteries have high energy density, allowing 
large energy storage.  However, a disadvantage of 
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electric hybrids is the low power density of electric 
motors/generators and batteries. 

To overcome this shortcoming, hydraulics should be 
used in passenger vehicles due to the large power 
density of hydraulic pumps/motors and accumulators.  
Also, hydraulic components are inexpensive when 
compared to their electrical counterparts, especially 
for state-of-the-art battery packs.  Developments are 
also being made in the area of digital hydraulic 
valves and higher energy density accumulators, 
making hydraulic technology look promising for 
passenger vehicles. 

Researchers have previously studied using hydraulics 
in hybrid vehicles, but most of these have been 
concentrated on large vehicles such as buses, delivery 
trucks, and military vehicles.  As computing power 
increased, researchers began developing simulations 
and trying different control strategies for city buses to 
improve fuel economy [2].  Research has also been 
done using models of hydraulic hybrid military 
vehicles, optimal control theory, and numerical 
algorithms to determine drive train parameters to 
minimize fuel consumption [3].  Researchers have 
also used the dynamic programming technique to 
optimize the power management strategy for a 
delivery truck [4] and the design and power 
management strategy for military vehicles [5].  Very 
little research has been done on using hydraulics with 
optimal power management in passenger vehicles. 

In this paper, the different types of architectures for 
hybrid vehicles are explained.  The computer model 
used to obtain simulation results is briefly described, 
and baseline results using ad hoc parameters are 
presented.  The dynamic programming optimization 
technique is explained as it relates to each 
architecture.  Optimized results are presented and 
compared for each architecture for an urban and 
highway drive cycle.  Finally, future modifications 
are studied. 

HYBRID VEHICLE ARCHITECTURES

Regardless of the secondary power source of the 
hybrid vehicle, three main types of architectures 
exist: parallel, series, and power split.  In this section, 
the overall operation of each will be described.  
Figure 1 shows a schematic of each type. 
Parallel Hybrid Vehicle 
In a parallel hybrid vehicle, the engine shaft is 
directly connected to a transmission, which is 
connected to a differential to provide power to each 
wheel.  The hydraulic pump/motors are connected to 
the drive shaft between the engine and the  

Figure 1 Schematic for the parallel hybrid (top), 
series hybrid (middle), and power-split hybrid 

(bottom) configurations 

transmission to provide or absorb power from the 
accumulator as needed.  A clutch is placed between 
the engine and hydraulic pump/motors so the engine 
can be decoupled from the road load and the vehicle 
powered entirely by hydraulics.  This allows the 
engine to be turned off when not needed, and turned 
back on when the accumulator becomes low.  While 
the engine power does not need to match the load, the 
engine speed is matched to the wheel speed by the 
transmission gear ratio, and optimal engine 
management is not possible. 
Series Hybrid Vehicle
In a series hybrid vehicle, the mechanical drive train 
is removed, and the vehicle is powered purely from 
hydraulics.  The engine shaft is directly connected to 
a hydraulic pump/motor, which is connected to an 
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accumulator to allow for energy storage.  A hydraulic 
pump/motor is placed at each wheel to provide power 
and propel the vehicle.  A clutch decouples the engine 
allowing on/off engine management.  This 
architecture not only allows the engine output power 
to not match load demand, but also the engine speed 
does not need to match wheel speed, allowing for 
optimal engine management. 
Power-split Hybrid Vehicle
The power-split configuration combines the parallel 
and series architectures into one.  The mechanical 
drive train is still intact as in the parallel hybrid 
design, but hydraulic pump/motors are also 
connected to the drive wheel shafts as in the series 
hybrid design.  This configuration allows for optimal 
engine management since, even though the engine is 
coupled mechanically to the drive wheels, the 
pump/motors at the wheels can be used to make up 
for the desired wheel speed.  The clutch immediately 
downstream of the engine allows the engine to be 
decoupled completely from the load as in the parallel 
and series configurations.  The power-split combines 
the advantages of both the parallel and series 
configurations: the mechanical drive train enables 
highly efficient power transfer from engine to wheels 
of the parallel architecture while maintaining the 
optimal engine management of the series architecture. 

MODELING AND SIMULATION 

A model of each type of vehicle architecture is 
needed to perform the power management 
optimization and compare results.  The model used 
for the optimization was developed by Van de Ven et 
al [6], and is briefly explained here for completeness.  
The model is a backward-facing model with limited 
dynamics, meaning the power is calculated 
backwards through the drive train from the wheels to 
the engine.  The model includes aerodynamic drag, 
rolling resistance, road grade, and inertial forces. 
Hydraulic Pump/Motor Efficiency Model
Since optimization relies heavily on the efficiencies 
of the individual components, having an accurate 
hydraulic pump/motor efficiency model is essential.  
The hydraulic pumps/motors used in each 
configuration are variable displacement.  Efficiency 
is characterized by displacement, operating pressure, 
angular velocity, and oil viscosity.  The model 
developed by McCandlish and Dorey [7] is used to 
determine the efficiency at different operating 
parameters.  This requires knowing the volumetric 
flow and torque data of the pump/motor at different 
operating conditions, which is mathematically fit to 
the equations.  The volumetric and mechanical 
efficiency are calculated given the operating pressure, 
pump/motor angular speed, fractional displacement, 

and oil viscosity, and the two are multiplied together 
to calculate the overall efficiency. 

OPTIMIZATION VIA DYNAMIC 
PROGRAMMING

Once the system configuration, components, and 
drive cycle are fixed, the fuel economy of the vehicle 
depends only on the strategy for power splitting 
between the two sources and the transmission gear.  
The optimal control problem is formulated and 
solved by using the dynamic programming algorithm 
[8].  This is a powerful technique for solving optimal 
control problems for nonlinear, constrained dynamic 
problems since the true optimal solution is found. 

The dynamic programming algorithm is based on 
Bellman’s principle of optimality, which states that if 
a sequence of decisions is optimal, each subsequence 
must also be optimal.  Using this principle, the 
algorithm can start at the end of the drive cycle, go 
one step back and find the optimal trajectory, go 
another step back and find the optimal trajectory, and 
continue this process until the beginning is reached. 

The formulation of the problem for the hybrid vehicle 
is as follows.  The objective is to find the optimal 
trajectory of control signals u(k), which include 
engine command and gear shifting, to minimize the 
fuel consumption of the vehicle over an entire drive 
cycle.  Mathematically, this is given in Eq. (1). 

1

0
,min

N

kku
kukxLJ                    (1) 

In Eq. (1), L is the fuel consumption in one time 
segment, N is the number of time segments, x is the 
state vector, which includes vehicle speed and 
accumulator state of charge, and u is the control 
vector, which includes engine command and 
transmission gear ratio. 

The optimal cost at time step N-1 is: 

1,1min1
1

*
1 NuNxLNxJ

NuN
       (2) 

For all other time steps, the optimal control is found 
by minimizing the total cost. 

10

1,min *
1

*

Nk

kxJkukxLkxJ kkuk        (3) 

Once the equation is solved backwards from step N-1 
to 0, a lookup table is formed in which, given the 
state of charge of the accumulator at a time step, the 
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optimal control is found to minimize fuel 
consumption.  Then, given the initial state, the 
optimal control can be found from the lookup table, 
the model is executed to find the state the next time 
step, and this can be propagated forward in time until 
the end of the drive cycle is reached.  The resulting 
optimal control trajectory is then simulated to obtain 
the fuel economy result. 

RESULTS

In this section, results are presented from the 
dynamic programming optimization for each type of 
architecture for an urban and highway drive cycle.  
To compare the optimization results to determine the 
amount of improvement in fuel economy, a baseline 
simulation is executed for each type of architecture. 
Baseline Simulations 
For the baseline simulation, control parameters were 
chosen using physical intuition about the system.  For 
the parallel configuration, the control parameters are 
the engine state and the transmission gear ratio.  To 
determine engine state, a constant lower and upper 
setpoint was determined based on the accumulator 
pressure.  When the pressure falls below the lower 
setpoint, the engine will turn on to refill the 
accumulator, and above the upper setpoint the engine 
will turn off and run purely on hydraulics.  For this 
simulation, the lower setpoint is 60% of the full 
pressure and the upper setpoint 90% of the full 
pressure.  The gear shifting setpoints of the 
transmission were chosen to take advantage of the 
full speed range of the engine and hydraulic 
pump/motor.  If the engine is on, the gear shifting 
point is when the engine speed equals 3000 rpm, 
corresponding to a vehicle speed of 12.9 m/s.  If the 
engine is off, the gear shifting point is when the 
hydraulic pump/motor equals 3600 rpm, 
corresponding to a vehicle speed of 15.5 m/s.  Using 
this strategy produced a fuel economy of 7.4 
L/100km (31.8 mpg) for an urban drive cycle and 
5.11 L/100km (46 mpg) for a highway drive cycle. 

For the series configuration, the control parameters 
are the engine state and engine speed.  The engine 
state is determined as described for the parallel 
configuration above.  The engine speed is determined 
by operating at the most efficient point, 
corresponding to a speed of 2200 rpm.  This can be 
done since the displacement of the hydraulic 
pump/motor attached to the engine can be varied as 
the operating pressure changes.  The displacement of 
the hydraulic pump/motors at the wheels is fixed due 
to the specified wheel speed, operating pressure, oil 
viscosity, and efficiency, and therefore is not a 
decision variable.  This strategy produced a fuel 

economy of 4.42 L/100km (53.2 mpg) for an urban 
drive cycle and 5.6 L/100km (42 mpg) for a highway 
drive cycle. 

Since the power-split configuration is a combination 
of the parallel and series architectures, the control 
parameters are a grouping from each and include 
engine state, engine speed, and transmission gear 
ratio.  The engine state is the same as the parallel and 
series architectures, using the constant fixed lower 
and upper setpoints of accumulator pressure.  The 
engine is also operated at its most efficient point as in 
the series configuration.  However, the transmission 
gear ratio is chosen differently than in the parallel 
configuration.  The transmission gear is chosen to 
minimize the speed of the hydraulic pump/motors 
connected to the drive wheels.  This is done to 
maximize the power flow through the highly efficient 
mechanical drive train and minimize the power 
through the hydraulics.  This strategy resulted in a 
fuel economy of 7.97 L/100km (29.5 mpg) for an 
urban drive cycle and 5.88 L/100km (40 mpg) for a 
highway drive cycle. 
Optimization Results
The dynamic programming algorithm is now 
implemented for each type of architecture.  For the 
parallel configuration, two control variables are used, 
engine state and transmission gear ratio.  The 
equations given in section 4 are used to determine the 
optimal trajectories.  The results for both the urban 
and highway drive cycles are shown in Figure. 2. 

Figure 2 Dynamic programming results for the 
parallel hybrid configuration over an urban (left) and 

highway (right) drive cycle 

The transmission gear ratio for the highway drive 
cycle is almost constant in 2nd gear, while for the 
urban drive cycle it fluctuates much more due to the 
higher vehicle speed during the highway drive cycle.  
Also, while both never reach a full accumulator state 
of charge, the highway drive cycle utilizes the 
accumulator less due to limited regenerative braking.  
The optimized results gave a fuel economy of 3.46 
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L/100km (68 mpg) for the urban drive cycle and 4.5 
L/100km (52.3 mpg) over the highway drive cycle, a 
significant improvement over the baseline results. 

For the series configuration, the two control variables 
are engine state and engine speed (if the engine is on).  
Applying the dynamic programming algorithm gives 
the results shown in Figure 3. 

The results show when the engine is on, the engine 
speed is fairly constant around 2000 rpm, especially 
over the highway drive cycle.  This is to utilize the 
efficient operating region of the engine.  Also, the 
optimized results use the full volume of the 
accumulator for both drive cycles.  This is due to the 
fact that the vehicle is a purely hydraulic drive train.  
The highway drive cycle does not fill the 
accumulator at the end of the cycle, however, since 
the optimization algorithm knows the end of the drive 
cycle is approaching.  The optimized fuel economy 
for the urban drive cycle is 3.77 L/100km (62.3 mpg) 
and 5.10 L/100km (46.1 mpg) for the highway drive 
cycle, an improvement over the baseline result. 

Figure 3 Dynamic programming results for the series 
hybrid configuration over an urban (left) and 

highway (right) drive cycle 

Finally, the dynamic programming algorithm is 
applied to the power-split configuration, which has 
control variables of engine state, engine speed, and 
transmission gear ratio.  The results are shown in 
Figure 4. 

Figure 4 Dynamic programming results for power-
split configuration over an urban (left) and highway 

(right) drive cycle 

The results are very similar to those for the series 
hybrid, especially for the highway drive cycle.  The 
engine speed is still operating near 2000 rpm, but 
more fluctuations exist in the transmission gear ratio.  
One interesting results is the high average state of 
charge of the accumulator over the urban drive cycle.  
The hydraulic pump/motors at the wheel are 
operating at a relatively slow angular velocity at low 
displacement, so the optimization forces the 
operating pressure higher to improve the efficiency of 
these pump/motors.  The optimized fuel economy for 
the urban drive cycle is 7.17 L/100km (32.8 mpg) 
and 5.38 L/100km (43.7 mpg) for the highway drive 
cycle.  The results for all architectures for the urban 
and highway drive cycles are shown in Table 1. 
Improvements to power-split configuration
The optimized results show the power-split 
configuration being significantly worse for fuel 
economy than the parallel and series architectures.  
The main reason is that the hydraulic pump/motors 
are oversized for this application.  Using the same 
coefficients for the loss terms in the pump/motor 
models, the maximum displacement of the 
pump/motors can be decreased, and the fuel economy 
over an urban drive cycle can be recalculated.  These 
results are plotted in Figure 5.  As the maximum 
pump displacement is decreased, the fuel economy 
improves. 

Table 1 Summary of results for the urban and highway drive cycles 
Urban Drive Cycle Highway Drive Cycle 

Configuration Baseline 
(l/100km) 

Optimized 
(l/100km) 

Percent 
Improvement 

Baseline
(l/100km) 

Optimized 
(l/100km) 

Percent 
Improvement 

Parallel 7.4 3.46 53.2% 5.11 4.5 11.9% 
Series 4.42 3.77 14.7% 5.6 5.1 8.9% 

Power-Split 7.97 7.17 10.0% 5.88 5.38 8.5% 
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Figure 5 Plot showing fuel economy for various 
hydraulic pump/motor sizes 

Figure 6 shows the time to accelerate to 100 km/h for 
the pump sizes above.  As the maximum 
displacement decreases, the time to accelerate 
increases since the hydraulics are not able to add as 
much power to the drive train. 

Figure 6 Plot showing acceleration performance for 
various hydraulic pump/motor sizes 

To balance fuel economy and performance, the 
results above were used to determine two different 
sizes of the hydraulic pump/motors, one size at the 
engine and a smaller size at the wheels.  A size of 
19cc/rev was chosen at the engine since this gave the 
desired acceleration, while a size of 10 cc/rev was 
chosen at the wheels for the improved fuel economy.  
This led to a fuel economy of 4.2 L/100km using 
dynamic programming while maintaining a zero to 
100 km/h acceleration time of 9.0 seconds.  

CONCLUSION 

By optimizing the control strategy used for hydraulic 
hybrid vehicles, improvements can be made in fuel 
economy.  In this paper, three different configurations 
were studied over an urban and highway drive cycle.  
For each configuration and drive cycle, improvement 
was made in the fuel economy by optimizing the 
control strategy.  The most significant improvement 
for both drive cycles was in the parallel configuration.  
The optimized results also showed that the parallel 
configuration obtains the best fuel economy for both 

the urban and drive cycle, with the power-split being 
the least efficient.  However, it should be noted that 
the hydraulic pumps/motors used are oversized for a 
passenger vehicle and therefore are operating at low, 
inefficient displacement, especially at the wheels.  
When lower displacement pump/motors are used, the 
fuel economy can be improved while maintaining 
performance. 

ACKNOWLEDGEMENTS 

This work was performed within the Engineering 
Research Center for Compact and Efficient Fluid 
Power (CCEFP), supported by the National Science 
Foundation under Grant No. EEC-0540834. 

REFERENCES 

1. Department of Energy, Annual Energy Review 
2003, Washington, D.C., Energy Information 
Administration (EIA), 2004. 

2. Buchwald, P.; Christensen, G.; Larsen, H; Pedersen, 
P. S., Improvement of Citybus Fuel Economy 
Using a Hydraulic Hybrid Propulsion System - A 
Theoretical and Experimental Study. SAE 
Preprints (790305), 1979. 

3. Matheson, P.; Stecki, J., Optimisation of a Hybrid 
Diesel-Hydraulic Automotive Powertrain Using 
ADVISOR, Matlab, and Simulink, Australian 
Journal of Mechanical Engineering , 2005, Vol. 2 
(1), pp. 43-50. 

4. Wu, B.; Lin, C.; Filipi, Z.; Peng, H.; Assanis, D., 
Optimal Power Management for a Hydraulic 
Hybrid Delivery Truck, Vehicle System Dynamics, 
2004, Vol. 42 (1-2), pp. 23-40. 

5. Filipi, Z., et al, Combined Optimisation of Design 
and Power Management of the Hydraulic Hybrid 
Propulsion System for the 6 x 6 Medium Truck, 
International Journal of Heavy Vehicle Systems, 
2004, Vol. 11 (3-4), pp. 372-402. 

6. Van de Ven, J. D.; Olson, M. W.; Li, P. Y., 
Development of a Hydro-Mechanical Hydraulic 
Hybrid Drive Train with Independent Wheel 
Torque Control for an Urban Passenger Vehicle, 
Proceedings of the International Fluid Power 
Exposition. Las Vegas, Nevada, 2008. 

7. McCandlish, D.; Dorey, R. E., The Mathematical 
Modelling of Hydrostatic Pumps and Motors, 
Proceedings of the Institution of Mechanical 
Engineers, 1984, Vol. 198B (10), pp. 165-174. 

8. Bertsekas, D. P., Dynamic Programming and 
Optimal Control (3rd ed.), 2005, Belmont, 
Massachusetts, Athena Scientific. 

9. Wilson, W. E., Rotary-Pump Theory, Trans. ASME, 
1946, Vol. 68, pp. 371-384. 

148Copyright © 2008 by JFPS, ISBN 4-931070-07-X



PRECISION FLOW CONTROL COMPONENTS SUPPORTING
THE EVOLUTION OF SPACECRAFT PROPULISON SYSTEMS 
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ABSTRACT

A number of design and manufacturing techniques have been established over the years to ensure reliable products for
spacecraft fluid control. Designs and processes originally intended for spacecraft chemical propulsion now have
applications in electric propulsion as well as missile defense.  The common element in each application is
manufacturing processes that ensure assembly cleanliness, reliability, and repeatability.

KEY WORDS

Space, Propulsion, Contamination, Quality

INTRODUCTION

Moog is widely known for its contributions to the
hydraulic fluid flow and pressure control field.
Originally developed by Bill Moog 1951 to provide
steering control for missiles, the design and core
manufacturing techniques of the electro-hydraulic
servovalve quickly spread to support aircraft and
industrial automation applications.

A less obvious derivative of the hydraulic servovalve
emerged in the 1980’s as the need to reliably meter and
seal propellants for orbiting spacecraft became apparent.
The electro-magnetic circuit of torque motor thruster
valves and latching valves are similar to those used in
the first stage electro-hydraulic servovalves. However,
precise flow control of gas in the vacuum environment
of space required increased care in the preparation of
sealing surfaces, cleaning parts of burrs and oils,
creating assemblies without threaded fasteners, and
handling assemblies in such as way as to avoid
introduction of potential contaminants.

Enabling Technologies for Space Valves

One of the most critical, and often overlooked, elements
to successful production of critical flow control
components for space application is the rigorous
application of component cleaning and careful handling.
Contaminant as small as 5 micron can adversely affect
the hardware and cause failure of mission critical
subsystems.  A comprehensive contamination control
program includes a Class 1000 clean air environment,
filtering of test fluids used on flight hardware, control of
manufacturing processes to minimize the generation of
contaminant, and a periodic inspection process to ensure
compliance.

With the support of JAXA, Moog recently introduced
this type of facility and process in Hiratsuka, Japan.
The 59 m2 clean room was designed and tested to
conform to the requirements of JIS B9919
(ISO14644-4). In addition, a water flushing stand was
designed and installed utilizing filtered de-ionized water
and pressurized gaseous nitrogen.  The resulting
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turbulent flow effectively scrubs the flow paths of the 
unit, eliminating potential contaminant. 

Figure 1 -- Clean Room for Space Valve 
Manufacturing in Hiratsuka, Japan 

While a valve can be built without internal contaminants, 
traditional solenoid type valves have a potential to 
generate contamination over the spacecraft mission life 
due to sliding friction between the moving parts.   

Moog’s patented suspended armature solenoid valve 
eliminates this sliding fit by using a proprietary 
designed S-spring, shown below in both the valve open 
and closed positions. 

Figure 2 – Suspended Armature Valve Design 

As shown in Figure 3, tests conducted at Moog’s 
engineering facilities in East Aurora, New York 
demonstrate a substantial reduction in particulate 
generated by valves using this design feature when 
compared to conventional sliding fit solenoid valves.  

The spring is designed for infinite fatigue life, which 
has been supported by multiple tests including a 
2,000,000 cycle test.  The manufacture of the critical 
spring assembly is accomplished in a 10-step process, 
including: 

Precipitation Hardening 

Chemical Etching 
Lapping
Electrochemical Polish 
In-Process Inspections 

Each of these steps is performed to proprietary process 
control documents in accordance with an AS9100 
Quality Control Plan.  The establishment and 
qualification of these processes for a particular 
configuration valve enables parametric applications for 
a wide variety of high reliability, contamination free 
flow control needs. 

Figure 3 – Reduction in Generated Contaminant 

Finally, the components and subassemblies of the 
propulsion valve are mechanically joined by electron 
beam welding.  This process is typically used for 
spacecraft propulsion systems for the following reasons: 

Minimum weight for the mechanical joint 
No contamination is generated during joining (as 

compared to threaded fasteners, for instance) 
Leak proof sealing to 2000 psi and beyond 
No deterioration in space environment 

(temperature extremes and radiation) 

Electron beam processes have been commercially 
available for decades, and can be applied if sufficient 
care is taken in process control.  These processes are 
again controlled by quality control documentation and 
require a combination of non-destructive inspection as 
well as destructive sampling of weld coupons with each 
batch.   

Potential Applications 

The solenoid valve produced by Moog Japan 
demonstrates all of the necessary design and 
manufacturing elements to support various applications.  
The typical performance parameters of the 20N valve 
are shown in Table 1 below4.
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Table 1 – Typical Performance of 20N Thruster Valve 

More importantly, the processes are documented, 
controlled, and scaleable to support a large variety of 
isolation valves for propulsion systems ranging in thrust 
from less than 1N to over 500N with only parametric 
modifications.  The design can also evolve to support 
bipropellant applications with a simple change in seal 
material to ensure fluid compatibility. 

Applications also exist beyond conventional 
monopropellant and bipropellant flow and isolation.   

Minor design features can be added and simple changes 
made to parts in order to create proportionality within 
the valve.  Thus, changes in flow rate would be 
initiated by changing the applied current to the coil.  In 
one example, the valve remains in the closed position 
with input currents between 0 and ~90 mA, then starts 
to modulate flow between 90 mA and a maximum 
applied current of 125 mA.  The 90 mA starting 
current may vary slightly from valve to valve due to 
build tolerances within the solenoid valve.  This 
variation can be accommodated for within the control 
system. 

Figure 4 – Propulsion Valve Manufactured in Japan 

The proportional valve, when driven by a Proportional, 
Integral, Derivative (PID) controller, results in a 
proportional flow or pressure control subsystem. These 
subsystems have been demonstrated to provide 
throttling control for Ion propulsion systems, providing 
significantly increased efficiency for spacecraft 
propulsion2.

Figure 5 – Typical PID Controller 

Finally, the need for highly reliable, extreme 
environment capable valves is not limited to orbiting 
spacecraft.  Similar propulsion valves are used in 
reaction control assemblies for launch vehicles.  This 
technology has also recently been coupled with high 
speed computing in complex Divert and Attitude 
Control Systems (DACS).  This systems support the 
national defense against intercontinental ballistic 
missiles by dynamically colliding with incoming 
weapons at extremely high speeds.  The flow valves in 
the divert and attitude control thrusters are 
manufactured using similar or identical processes to the 
space propulsion valves discussed above.   
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Figure 5 – Missile Defense  
Divert and Attitude Control System 

Conclusions

Moog has been a world leader in flow control for over 
five decades.  Technology derivatives of the 
electro-hydraulic servovalve have led to flow control 
applications of a variety of spacecraft propellants.  
Careful process control is essential to the success of 
space missions, as there is no opportunity to repair or 
replace such components once on orbit.  This level of 
process control supports growth to future applications, 
including advanced ion propulsion for spacecraft, as 
well as critical defense applications such as ballistic 
missile intercept.  Moog has established and qualified 
these critical processes in facilities both in the United 
States as well as in Japan. 
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PERFORMANCE OF A POWER TRANSFER UNIT FOR
AIRCRAFT APPLICATIONS

John WATTON

School of Engineering, Cardiff University UK
(E-mail: WattonJ@cardiff.ac.uk)

ABSTRACT

This paper considers power transfer between two fluid power circuits such that a failing pressure in one of them is
improved by power transfer from the other circuit. The two coupled axial piston machines are effectively driven by the
pressure differential across the two machines and particular features are required for the unit to operate successfully.
Steady state theory is presented that may be used to select the relative displacement ratios and the range predicted is
compared with those typically found in aircraft applications.

KEY WORDS

PTU, pump, motor, direct coupling

NOMENCLATURE

Bv combined viscous friction coefficient
Dm , Dp motor and pump displacements
P1 , P2 pressure at load a and load b
Prv pressure relief valve setting
Q1 ,Q2 flow into and out of the PTU
Qa ,Qb flows to load a and load b
Qp1 ,Qp2 flows from supply pump 1 and pump 2
Qpo ideal flows from both supply pumps
Qrv1, Qrv2flows through PRV1 and PRV 2
Rmp PTU motor and pump equal resistance
Rps supply pumps equal resistance
Rt total resistance
Rv PRV resistance for both valve
Tsc total static/coulomb friction torque

displacement ratio Dp /Dm
PTU speed

INTRODUCTION

This approach is used to ensure that pressure is
maintained in a circuit in the event of an unacceptable
or unexplained drop in pressure, and is used in aircraft
applications. Another existing healthy circuit is used to
supply flow to the faulty circuit in a manner that
attempts to restore the faulty pressure as close as
possible to its normal healthy value. The approach is
shown in figure 1. For the purpose of example, healthy
circuit a provides make-up flow rate to faulty circuit b

via the Power Transfer Unit (PTU), the left hand side of
the PTU acting as a motor and the right hand side of the
PTU acting as a pump. The PTU rotates due to the net
pressure differential across the motor unit being greater
than the net pressure differential across the pump unit.
This creates a torque unbalance beyond the friction
value when one circuit pressure changes due to a fault
condition. In practice, a variable displacement axial
piston machine is used together with a bent axis fixed
displacement piston machine. The machine acting as a
motor must have a displacement greater than the
machine acting as a pump. As the direction of power
transfer is changed then the swash-plate stroke of the
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variable displacement machine must also be changed.
Power transfer is from left to right due to a pressure
drop in supply line 2 relative to supply line 1. Therefore
the machine at the left hand side is acting as a motor and
the machine at the right hand side is acting as a pump.

There is little to no published information on PTUs and
the following analysis is based upon well established
steady state pump/motor theory. Some SAE and patent
information may be found in [1-7]. It will be deduced
for patent information that there are some complex
mechanisms developed to create displacement ratio
change, and the dynamic behaviour of a PTU is also
complex. The steady state theory presented here has

a particular
manufacturer, but precise details cannot be disclosed.
The approach is therefore generalized, but results are
compared with typical SAE data.

THEORY

Consider therefore the following theory [8-11] which is
satisfactory for a first-estimate of performance :

(3)
sc

T
v

B2PpD1PmDtorquePTU

(2)
mpR
2P

pD2QPump

(1)
mpR
1P

mD1QMotorratesflowPTU

Here the viscous coefficient Bv and the friction torque
Tsc is the sum for both machines. Considering each
identical supply pump :

(5)
psR
2P

poQp2Q

(4)
psR
1P

poQp1Q

Assuming that both identical PRVs are in operation on
both power supply sides then a linear flow rate/pressure
drop characteristic may be used to give :

(7)rvP2P
vR

rvP2P
rv2Q

(6)rvP1P
vR

rvP1P
rv1Q

For the purpose of identifying unique features of a PTU
performance, a suddenly-demanded flow rate Qb at side
2 will be used while the load flow rate at side 1 is zero.
Therefore, flow rate continuity on each side then gives :
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It is well established that a PTU performs better if the
pump displacement is less than the motor displacement,
so let :

)13(1
mpD

Combining the torque and flow equations and the
displacement ratio equation then gives :

Load a Load b

PTU

Qp1 Qp2

Power supply a Power supply b

Figure 1 Power transfer using reversible axial piston units

P1

Q1

P2

Q2

Qrv1 Qrv2

Qa=0 Qb
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where the non-dimensional term are :
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The individual pressures are defined with respect to the
pressure relief valve cracking pressure Prv so a check
can be made on whether a particular design causes any
pressure to fall below the pressure relief valve setting.
The pressure differential must lie outside the friction
dead-band for PTU motion to occur. This is given by :

PTU friction dead-band
rv

sc
21 P

T
PP (18)

Consider the following, real, data :
PTU machines Rmp = 1012 Nm-2 /m3s-1

Supply pumps Rps = 1012 Nm-2 /m3s-1

PRVs Rv = 0.25x1010 Nm-2 /m3s-1

PRV cracking pressure Prv = 210bar
Supply pumps no-load flow rate Qpo = 24litres/min
Fixed displacement machine displacement
Dm = 4x10-6 m3/rad
PTU friction torque Tsc = 12Nm
PTU viscous friction coefficient Bv = 0.04 Nm/rad s-1

s/mNm0.25x10
v

R
t
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R

1

ps
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t
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1

1-32-10

12

The PRV resistance is clearly dominant. For no-load
flows from each power supply the pressure increase
across each PRV is given by :

Rv Qpo = (0.25x1010)(0.4x10-3) = 10bar

The non-dimensional parameters are :

3scT1vB21rvP

If the PRV cracking pressure is 210bar, then the
operating pressure for no-load is not 220bar but

219bar when the PTU losses are included.

To fully understand how a PTU operates it is necessary
to consider particular conditions of speed and pressure.

The condition for zero speed

From (14) this occurs when the following condition is
satisfied :

)19(
bQ-1rvP
scT1rvP

The condition for pressures to fall to their PRV

setting.

To understand the pressure behaviour, it is noted that
since it is probable that Rt Rv then the pressures are
given by:

)20(1
rvP

)bQ-(1

rvP
2P

1
rvP

)(1

rvP
1P

Therefore the condition for each pressure to fall to the
PRV setting is given by :

(21)0)scTvBrvP()bQ1rvP2

1when1
rvP
1P

Therefore the speed is at its maximum

)22(possiblenotandbQ1when1
rvP
2P

The example conditions are shown in figure 2 for
various load flows and figure 3 for a particular load
flow 0.5bQ .
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The condition for equal pressures.

It seems reasonable to aim for equal pressures under
PTU operation as a good design guide. This condition is
achieved when :

(23)01rvP)vB(1bQscT

)bQscT1)rvP(2
(1

bQ
when2P1P

Considering figure 2 :

It will be seen that the displacement ratio range is
restricted overall to typically 0.75 < <0.91 but
depends upon the load flow rate to be supplied.
It will be preferable for the displacement ratio to be
closed towards the lower end of the operating range.

Considering figure 3 for the specific load flow rate :

A displacement ratio beyond 0.882 will not allow the
PTU to rotate and power transfer will not exist.
As the displacement ratio decreases below 0.882 the
pressure differential increases and the PTU speed
increases. The supply pressure P1 continually
decreases and the pressure to be compensated P2
increases as required.
As the displacement ratio decreases further the speed
rises to its maximum when the supply pressure P1
reaches the PRV setting and the equations then do
not apply.
A lower displacement ratio therefore ensures that the
driving pressure differential lies beyond the friction
dead-band.
The PTU speed decreases linearly with increasing
displacement ratio

Table 1 Data taken on PTUs used in different aircraft [7]

Aircraft Dm Dp Displacement ratio Motor pressure Pump pressure

(10-6m3/s) (10-6m3/s) (bar) (bar)

Uni-directional, fixed displacement

DC-10/ND-11 1.23 1.13 0.92 200 179

757 4.00 3.65 0.91 172 150

Gulfstream 11 1.73 1.57 0.91 207 200

A-300 4.00 3.46 0.87 207 207

767 0.25 0.21 0.84 112 86

727, 747 0.25 0.21 0.84 207 207

737 0.81 0.63 0.78 169 166

Bi-directional, variable displacement

DC-10/MD-11 5.00 4.46-5.50 0.89-(1)-1.10 207 193

C-17A 3.15 2.62-3.66 0.83-(1)-1.16 275 255

A-320 2.10 1.57-2.62 0.75-(1)-1.25 207 200
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Considering data from aircraft applications, Aerospace
recommended practice SAE ARP1280 [7], Table 1
shows actual data for a range of aircraft and for fixed
displacement and variable displacement PTUs. The
displacement ratio can vary between :

0.78< <0.92
for uni-directional operation with fixed displacements.

0.75< <0.89
for bi-directional operation with variable displacements.

0.76< <0.88
suggested from the theory presented.

For a variable displacement PTU, a swash-plate
adjusting control system is required to change the
displacement ratio of the in-line axial piston unit
depending on the direction of power transfer, figure 4.
The displacement ratio would be changed around the
neutral position, when no PTU action is needed.
Hydromechanical control system is normal practice, and
integral with the variable displacement unit, to change
swashplate position in the correct direction from neutral.
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ABSTRACT 

The recent technologies of hydraulics and flight controls have been progressing step by step.  The research effort for 
establishing the technology to build 55.2MPa (8000psi) hydraulic system for practical use has begun to fruit around the 
world, and high-pressurizing is getting to be standardized, shifting from the conventional 20.7MPa (3000psi) system 
pressure.  The system pressure is settling into 34.5MPa (5000psi), which is practical in both cost and performance with 
the appropriation of the existing parts and ground support equipment considered.  
Also, ALL ELECTRIC AIRCRAFT (AEA) technologies proposed more than 20 years ago have begun to come into 
practical use, such as electric actuators for primary control surfaces, as improved are 270Vdc power source technology, 
the permanent magnet peformance for electric motors, the power transister capability for control device, and the 
reliabilities of mechanical parts such as ballscrews and bearings.  
This paper discusses the application of new materials to aircraft such as piezoelectric, magnetostrictive, and 
shape-memory materials, which have recently become stabilized in production and begun to be applied in commercial 
fields other than aircraft industry. 

KEY WORDS  

Aircraft, Hydraulics, Actuator, Active, Material 

INTRODUCTION 

Aircraft have two kinds of power generation systems, 
“Hydraulic” and “ Electrical,” to drive various 
subsystems on board.  These two power generation 
systems are used in proper combination with system 
functions well distributed over them, which gives the 
optimum redundancy to system functions in aircraft to 
secure the flight safty. 
Hydraulic systems are mainly used to drive flight 

control systems and landing gear systems in aircraft.  
These systems consist of servo-actuators, servo valves, 
solenoid valves, power cylinders, hydraulic motors, 
check valves, orifices, and they are not so different from 
industrial hydraulic systems in terms of hydraulic 
compositions. 
Then, this paper summarizes the technology trend of 
aircraft hydraulic generation systems and flight control 
servo-actuators, and gives information on the 
application of new materials to Electro Hydraulic Servo 
Valves. 
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AIRCRAFT HYDRAULIC SYSTEM 

Aircraft hydraulic system pressure had been 20.7MPa 
(3000psi) for a long time, but the system evaluation 
tests and flight tests of 55.2MPa (8000psi) hydraulic 
system has been started around 1970 with the 
developments and testing of hydraulic components for 
55.2MPa (8000psi) system conducted simultaneously.  
Then, now hydraulic product makers are learning from 
those efforts and commercializing high-pressure aircraft 
hydraulic components.  The large aircraft and high 
maneuverability aircraft lately under development are 
applying 34.5MPa (5000psi) hydraulic systems in many 
cases, and 34.5MPa (5000psi) is becoming the standard 
for aircraft hydraulic systems.

Figure 1 Hydraulic System Pressure Trend (Taki [1]) 

Some decades ago, mechanical signals from pilot 
commands were fed into manual valves to control flight 
control hydraulic servo-actuators.  In around 1950, 
electrical computer controls became possible in aircraft 
controls, and since then, servo-actuators using Electrical 
Hydraulic Servo Valves (EHSV), which convert 
electrical signals into hydraulic signals which in turn 
amplify hydraulic power to control actuators, have been 
popular in aircraft flight controls.  
Furthermore, since around 1990, direct drive valves 

(DDV), which use electric coil force motors to directly 
control main control valves, have been used as 
hydraulic servo valves, as electric magnets 
characteristics were improved.  This DDV requires 
high cost to procure, and large aircraft still use EHSVs 
for servo-actuators, so the effort to reduce the 
production cost of DDV is required for the future. 

HYDRAULIC AND ELECTRIC ACTUATORS 

The system pressure becomes 34.5MPa (5000psi), and 
the reliability and maintenability of aircraft hydraulic 
systems have become quite stable.  Also, aircraft 
electric power supply systems have been able to provide 
270VDC power, and it has become possible to reduce 
the current in electric actuators and controllers by 
providing high-voltages in power supply systems.  The 
production cost of electric actuators are getting low, and 
the reliability are being improved, as IPM (Interior 
Permanent Magnet) motor are started to be widely used 
such as in hybrid cars.  As a result, replacing hydraulic 
actuators, electric actuators have started to be used in 
primary flight control systems in some new aircraft 
developments.   
Table 1 shows the characteristics comparison between 
hydraulic and electric actuators. 
As shown in Table 1, the performance of electric 
actuators matches for that of hydraulic actuators, so it is 
becoming possible to select two types of actuators 
according to power source redundancy (hydraulic and 
electric) and installation easiness of tubing or wiring. 
However, electric actuators have to keep consuming 
electric current to hold an actuator position with 
aerodynamic load applied on when they are used in 
primary flight controls, while hydraulic actuators are 
capable of holding an actuator position against 
aerodynamic load with just control valve closed to 
maintain cylinder differential pressure.  Also, 
hydraulic actuators are advantageous for flight control 
surfaces in that damping effect can be obtained in case 
of failures by utilizing bulk modulus of hydraulic fluid 
and flow restriction through orifices.   
Sufficient considerations should be given to these 
characteristic differences and energy efficiency when 
hydraulic and electric actuators are applied. 

Table 1 Characteristics Comparison Between Hydraulic and Electric Actuators 
Hydraulic Electric

Speed
Frequency Response
Weight unit:   system: unit:   system:

Leakage is the most frequent failure, but
not as critical as piston sticking

Weight penalty of adding mechanism to
prevent mechanical load paths from sticking

Frequent change due to leakage Periodical lubrication required

Reliability

Maintenability
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NEW MATERILS TO HYDRAULICS 

Flight control systems are now being high-pressurized 
and electricalized as above, and the electrical input 
(command) is converted to hydraulic command by 
motors or force motor. 
Recently, researches for active materials, which convert 
electrical inputs directly into mechanical strokes, have 
been progressed.  These active materials have 
mechanical strokes of about 10 to 100 micro meters, so 
they cannot simply replace hydraulic actuators which 
have mechanical strokes of about 10 to 100 milli meters.  
However, active materials are possible to be utilized as 
actuating devices in servo valves, shutoff valves, and 
very small hydraulic pumps.  
Active materials such as piezoelectrics and 
electrostrictives respond well at high frequencies of the 
order of 1000Hz, and some efforts are being put into the 
researches to apply active materials to very small pumps 
and servo valves utilizing this characteristic.  Also, 
shape-memory alloys can be applied to operate selector 
(on/off) valves for hydraulic components which do not 
require high response operations. 
It is expected that these active materials are going to be 
applied to not only hydraulic components but also small 
moving products such as micro aircraft. 

APPLIATION OF PEIZOELECTRIC STACKS 

In this chapter, the application of piezoelectric stacks to 
electro-hydraulic servo valves (EHSV) generally used in 
aircraft hydraulics in large numbers is considered. 
Figure 2 shows a typical EHSV.  Coils (electric 
magnet) in the upper portion produce magnetic forces as 
currents are through them, and the force moves the 
flapper in the first stage.  This flapper movement in 
turn changes pressures on both end of the valve spool in 
the second stage.  In this way, control pressures are 
amplified in the second stage to move the main control 
valve of servo valve.  The displacement of the flapper 
base produced by the electrical magnet is so small that it 
is possible to apply active materials to this part.  
The reasons that piezoelectric stacks are selected for 
EHSV driving element from among several types of 
active materials such as magnetstrictives and 
shape-memory alloy are shown below.  
(1) The frequency response of EHSV is 10 to 200 Hz. 
(2) The electrical magnet part, which is the control 
portion of EHSV, is desired to be miniaturized.  

Figure 2 EHSV schematics 

Figure 3 Piezoelectric Stacks(above) & Bimorph(below) 

Also, although bimorph piezoelectric members can 
produce relatively large displacement, the generated 
force is not large enough to stably operate EHSV 
against hydraulic pressure fluctuation and flow forces.  
Thus, the stacked piezoelectric element type is selected, 
which is capable of producing both displacement and 
force enough for stable operations. 

Table 2 Applicability of Active Materials to Servo Valves 
Piezoelectric Megnetstrictives Shape-memory Electrical

Response High High Low High
Weight Light Heavy Light Very Heavy
Displacement Small Small Large Medium
Force Large Large Small Medium
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Table 2 summarizes the applicability of active materials 
to servo valves.  
Ref. 2. put together the experimental data collected for 
the stack piezoelectric element of 7mm by 7mm by 
32mm size.  The deflection is 30 to 50 micro-meters, 
which is enough for EHSV application. 
Figure 4 shows that the Young’s modulus to temperature 
is stable at -20 to 120 degree C. Since the usage 
temperature of EHSV in aircraft hydraulic system is 
from 0 to 80 degree C, the thermal compatibility will 
meet the requirement for practical uses.  Also, the 
hysteresis characteristic shown in Figure 5 is as 
favorable as that of the electrical magnet is.   
The piezoelectric stacks are vulnerable to tensile forces, 
and avulsion of stacks will be caused by tensile forces.  
Thus, it is required to be used with compressive forces 
pre-loaded.  Conveniently, the deflection characteristic 
is little affected by compressive preload forces.  
Therefore, it is possible to design with compressive 
preload forces so that piezoelectric stacks will have 
enough durability, and the design of the preload forces 
will have an impact on a product life. In conclusion, it is 
considered that the application of piezoelectric stacks to 
aircraft hydraulic EHSV will become practical by 
testing and evaluating power consumption, 
environmental condition requirement (vibration, high 
and low temperature, thermal shock, fluid 
compatibility,) and durability in the future. 

POSTSCRIPT 

The aircraft hydraulic system is making progresses step 
by step, and now, its reliability is well-established.  It 
is required to make it more efficient, more reliable, and 
lighter in weight by studying the application of new 
materials in the future. 
Also, The aircraft hydraulic and general industrial 
hydraulic systems are common in the base technology, 
so effort should be made to lower the system cost by 
making components tandardized as much as possible.  

Figure 4 Young’s modulus – temperature relationship of 
piezoelectric stacks (Tanaka [2]) 

Figure 5 Hysteresis characteristic of piezoelectric stacks 
(Tanaka [2]) 

Figure 6 Displacement - compressive preloaded force 
relationship of piezoelectric stacks (Tanaka [2]) 
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ABSTRACT 

More Electric Aircraft (MEA) or All Electric Aircraft (AEA) is intensively researched and developed all over 
the world to reduce total Aircraft power consumption, and thus total operation cost. In MEA or AEA 
development, Aerospace Research and Technologies activity are focusing the area of Electrical Power system, 
Flight control, Engine system, Environmental Control System and Landing Gear System. [1] We are focusing 
the Landing Gear Actuation System and as our 1st step we have developed prototype 
ELECTRO-HYDROSTATIC ACTUATOR (EHA) for Landing Gear Extension and Retraction System 
(LGERS) application. The prototype EHA was designed and tested to evaluate the performance, weight and 
reliability to apply the future Aircraft application. From our prototype model development, we have clarified 
the technical issues to be improved or considered in the future MEA or AEA application. 

KEY WORDS  

EHA, LGERS, More Electric Aircraft 

NOMENCLATURE 

AEA :  All Electric Aircraft
BIT :  Built-in-Test
ECU :  Electronic Control Unit
EHA :  Electro-Hydrostatic Actuator 
EMI :  Electro Magnetic Interference 
LGERS : Landing Gear Extension and Retraction 
System 

MEA:  More Electric Aircraft 

INTRODUCTION 

We are developing prototype 
ELECTRO-HYDROSTATIC ACTUATOR (EHA) 
for Landing Gear Extension and Retraction System. 
Our final target is to replace all of the conventional 
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hydraulic actuation system with electrical system to 
comply with future ALL ELECTRIC AIRCRAFT.
The following system is our scope; 

(1) Landing Gear Extension and Retraction 
System,(LGERS) 

(2) Brake Control system. 
(3) Nose Wheel Steering Control System. 

This time, we have designed and developed the 
EHA for LGERS application. For our development 
study, the following Commercial Aircraft was 
targeted; 

1 Passengers : 100 150 Seats 
2 Aircraft Weight : 50 ton (MTOW) 

Illustrations 

1. Function of EHA 

To fully replace with the conventional hydraulic 
Retraction Actuators, the following LGERS 
functions were incorporated in the EHA functions; 

(1) Normal Extension and normal Retraction 
(2) Snubbing Mechanism (in Actuator) 
(3) Emergency Extension via free fall 

extension 
(4) Protection for Jamming/Over Load 
(5) BIT(Built-in-Test) Function by Control 

Unit 
(6) Failsafe Function by Control Unit 

The items (4), (5) and (6) were incorporated only 
for EHA application. 

2. Structure of EHA and its Operation 

System architecture is shown in Figure 1. The EHA 
consists of the Hydraulic Power Unit and 
Electronics Control Unit (ECU). Hydraulic Power 
Unit consists of the hydraulic linear actuator with 
snubber function, hydraulic manifold, pump and DC 
brush-less motor. DC brush-less motor rotates both 
directions under the control by the ECU. Pump 
generates the high pressure to the hydraulic 
manifold, and the hydraulic manifold controls the 
hydraulic flow to the Actuator. That is, when the 
Motor rotation is “CW”, the actuator is extended 
and vice verse. To achieve the extension and 

retraction time as same as the conventional LGERS 
system, the ECU controls the motor rotation speed 
and also monitors the extension and retraction time. 
When the ECU is powered off, the Bypass valve in 
the hydraulic manifold is always de-energized. In 
this status, the full area port in the Actuator is 
hydraulically connected to the annulus chamber. 
When the emergency extension is triggered, the 
bypass valve is de-energized and the Landing Gear 
can be extended by the free fall extension. 

3. Key Technology for EHA Development 

Our key technology for compact Actuation 
Mechanism is Hydraulic Reservoir in the internal of 
Piston Rod. The most important purpose of 
prototype EHA is clarification of the function and 
performance of the Hydraulic Reservoir in the 
internal of Piston Rod as shown in Figure 2. 

The EHA system generally equips a full-volume 
reservoir outside its cylinder that compensates the 
fluid volume caused by the difference of volume 
between annulus chamber and bore chamber. Our 
new concept EHA equips the reservoir built into the 
piston rod (“Dead space”) as shown in Figure 2.  It 
is possible to save its weight and space envelope. In 
the case of insufficient volume in the piston rod, an 
additional reservoir which is smaller than a full 
volume reservoir may be installed on the outside to 
compensate a lack of fluid. Effect of current 
prototype Actuator against Full Outside reservoir 
Actuator from our Study; 

Weight:   
6 % Weight Reduction by Full Outside Reservoir 
Actuator (About 3 kg Reduction Estimated) 

Volume (Envelop):
 1250 cc Volume Reduction by Fully outside 
Reservoir Actuator (1250cc is nearly equal to the 
volume of 70mm×L300mm cylinder estimated) 

4. Design Specification and Performance 

The following is our Prototype EHA design 
specification and performance; 

Input Power
1 MIL-STD-704E DC270V 180Amax 
2 RTCA-DO-160D Section16 Category A 
3 DC28V 6A max 
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Power Consumption 9.33kW  

Hydraulic Fluid: MIL-PRF-5606 for Prototype only 

Regulated Pressure: 210 bar (3,000 PSIg) 

Environmental Temperature
EHA       -55 deg C to 70 deg C 

  Controller   -55 deg C to 70 deg C 

Pump:
Constant Displacement piston pump 

1 Rotation Bi-directional 

2 Output Volume of rotation  
0.11cipr(1.8mL/rev) 

3 Target Revolution  14850rpm (Retraction) 
12000rpm (Extension) 

Electric Motor:
1 Type:  DC BRUSHLESS MOTOR 
2 INPUT POWER: AC270V, 3
3 OUTPUT POWER: 9.33kW 
4 RATED SPEED:  14850rpm (Retraction) 

12000rpm (Extension) 
5 RATED TORQUE: 6.0N-m 

The prototype EHA is shown in Figure 3. 

Figure 1. Three-dimensional View of prototype Landing Gear EHA 

Figure 2. Internal Hydraulic Reservoir in Piston Rod bore Structure 

5. Engineering Validation Test 

The following tests were carried out for our design 

validation of the Prototype EHA; 

(1) Normal Extension and Retraction Testing 

Piston Rod 
Cylinder Barrel

Reservoir 

Reservoir Port Bore Port Annulus Port 
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to our design requirement 
(2) Emergency Extension Test to our design 

requirement 
(3) High and Low temperature test to RTCA 

DO-160D Section 4 Category D2 
(4) Vibration test at Full retract position to 

RTCA DO-160D Section 8 Category T 
(5) EMI test for Motor and ECU to RTCA 

DO-160D Section 21 Category H 

From out Engineering Validation Test, we have got 
some feedback to improve our future design. 

6. Lessens Learned 

From our prototype design development of Landing 
Gear EHA for 100-150 seats class Commercial 
Aircraft application, we have some lessens learned 
as follows; 

(1) We can not visually check the fluid volume in 
the in-Piston-Rod reservoir. 
- To incorporate the Pressure Gauge to visually 
check the fluid volume. 

(2) To increase the reliability to the actual 
Commercial aircraft application. 
- To refine the hydraulic circuit. In addition, 
the detail reliability analysis should be carried 
out to optimize our design. 

(3) To enhanced the anti-vibration performance. 
- To optimize our design of hydraulic manifold 
to reduce the weight and volume, and 
installation to make the C.G. lower. 

These lessons learned will be incorporated in our 
further development of the Landing Gear EHA to 
achieve the optimized EHA for the future MEA. 

Figure 3. Overview of prototype Landing Gear EHA 

Table 1 Design Specification of prototype Landing Gear EHA 
Descriptions Remarks

Size Full Extended Length 1626 mm (Nominal)
Full Retracted Length 1130mm (Nominal)

Stroke
Rate Extending Rate 41mm/ 496mm/12sec

Retracting Rate 58mm/ 496mm/8.5sec
Load (External) Extension Case 54kN

Retraction Case 107.6kN

Specifications

496mm (Nominal)
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ABSTRACT

This paper will outline the various stages in the design and development of advanced rudder roll stabilization system
based high slew rate steering system. The slew rate means rudder angle change rate. First, this paper introduces a high
slew rate steering system with Electric hydraulic system (EHS). The basic concept of EHS system is to combine the
hydraulic power source system and actuator system with controlling the speed of electric motor of hydraulic pump
depending on the condition required to the actuator. Next, this paper presents the adaptive rudder roll stabilization
system based on a multivariate auto-regressive model that is called Multivariate Auto-regressive Rudder roll Control
System (MARCS). Finally, conclusions and discussions based on full scales experiments are summarized.

KEY WORDS

Electric hydraulic system (EHS), Multivariate Auto-regressive Rudder roll Control System (MARCS), Adaptive control

INTRODUCTION

The purpose of rudder roll stabilization system is put on
roll reduction as well as course keeping by appropriate
steering using only rudder. This paper will outline the
various stages in the design and development of
advanced rudder roll stabilization system based high
slew rate steering system and adaptive control. The slew
rate means rudder angle change rate.

The approach to this control system is based on a
multivariate auto-regressive model that is called
Multivariate Auto-regressive Rudder roll Control
System (MARCS) [1][2].
First, this paper introduces a high slew rate steering
system with Electric hydraulic system (EHS). The basic
concept of EHS is to combine the hydraulic power
source system and actuator system with controlling the
speed of electric motor of hydraulic pump depending on
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the condition required to the actuator [3].
The effectiveness of any roll stabilization system
depends on the magnitude of the stabilization moment
that can be applied to the ship. For the MARCS to be
effective, it is necessary to change faster in slew rate. In
case of applying EHS to steering system which is one of
the most typical hydraulic systems in ship's equipment
and have good results with roll reduction.
Next, this paper presents application of the batch
adaptive control based on a locally stationary
auto-regressive model. The control gain of conventional
MARCS does not change through the navigation at sea.
However wind and wave can be regarded as stationary
for a short time, it is necessary from a viewpoint of
long-time observation to consider that the property of
the stochastic process will be changed and be
non-stationary [4].
Finally, conclusions and discussions based on full scales
experiments are summarized. The EHS can save power
consumption on average by over 80(%) in comparison
with a conventional hydraulic steering system. The
advanced MARCS using EHS reduced the roll motion
in average with 30(%) -- 50(%) comparison with the
conventional auto-pilot.

ELECTRIC HYDRAULIC SYSTEM (EHS)

In conventional hydraulic system, power source and
actuator are separated as shown in Figure 1. The power
source is designed to meet maximum required flow-rate
of actuator. Electric motor of hydraulic pump is
operated with constant speed all the time. This system
should be controlled with servo-valve and remain is
returned to oil tank through relief valve. In some
conditions, a variable mechanism is applied to the pump
and actuator, but the controllability is not sufficient to
cover all condition. Also in those systems, the power
source ant actuator are generally equipped separately
and connected with piping complexity on the floor. In
those piping, fluid vibration is a usual problem that
causes to operate noise.

Figure 1 Servo Control of EHS

The basic concept of EHS is to combine the hydraulic
power source and actuator with controlling the speed of
electric motor of hydraulic pump depending on the
condition required to the actuator. The EHS is
developed as a new revolution control techniques for
electric motor. The construction of EHS is shown in
Figure 2. The concept of this system is that the speed of

electric motor of hydraulic pump is controlled with
inverter against the load change, so it can supply
required volume of system oil to an actuator.
As the result, such components as servo-valve, relief
valve would be able to be removed from hydraulic
system. This system could improve the efficiency of
system, because the hydraulic pump operates whenever
the actuator is moving.

Figure 2 EHS Hydraulic System

The basic components of EHS are as follows [6],
a. Reversible Hydraulic Pump:

Suction or discharge of hydraulic pump should be
changed with the direction of revolution.

b. Servo motor or AC-motor with inverter:
The motor for hydraulic pump should equip with
speed control function.

c. Reversible motion actuator:
The actuator should have the function of reversible
motion.

d. Oil tank and piping:
The volume of oil tank should cover total volume of
components. Only supply line and return line to be
equipped with.

e. Control system:
The motion of the actuator should be controlled
directly with the pump revolution.

DESIGN OF EHS STEERING SYSTEM

The conventional steering system is equipped with
steering wheel, autopilot, rudder operating system,
hydraulic source system and rudder. In case of applying
EHS to steering system, the rudder operation system
and hydraulic source system of conventional system are
though to be replaced with it. Supposing that the pump
characteristics using servo controlled servo-motor is
proportional function, the design of EHS steering
system is shown in Figure 3.
This system is composed of servo motor, servo pack,
reversible hydraulic pump and can drive high slew rate
not only the realization of small size reduction of weight
of steering system. In case of applying EHS to steering,
the rudder operation system and hydraulic power unit of
conventional system are through to be replaced with it.

Input Sensor

Servo

Motor
Servo

Amp.

+ -

Reversible

Hydraulic Pump

Output

Feed Back Control

Reversible

Oil Motor

Inverter
Electric

Motor

Hydraulic

Pump
Hydraulic

Cylinder

Oil Tank

SensorsFeed Back Control
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Figure 3 Design of EHS Steering System

CONVENTIONAL MARCS

As one of the authors, has demonstrated in paper [4],
Multivariate Auto Regressive eXogenous (MARX)
model expressed by

(1)

is powerful stochastic model in designing a roll
reducible autopilot system, where X(n) is 2 dimensional
vector of controlled variable (r); yaw and roll. Y(n) is 1
dimensional vector of control variable(l): rudder angle.
U(n) is Gaussian white noise. The order M of this model
is obtained by AIC (Akaike's Information Criterion [5],

(2)

dr,M is the covariance matrix of the residual of the
MARX model. N is number of data. The optimal order
in the MARX model is determined by minimizing the
value of AIC. Based on the modem control theory, this
model can be transformed to state space representation.

(3)

where Z(n) is the state vector and is the transfer
matrix that controls the transition of the state Z(n). Y is
the observation vector. In order to evaluate a
performance of the control, quadratic criterion function
optimal in the I suitable interval.

(4)

Q and R are the weighting function for the controlled
and the control variables, respectively. The optimal
control law which minimizes JI under constraint of the
above state space equation is given by a feedback law
with the stationary gain G. Then the optimal control law
can be represented by

Y(n)=GZ(n) (5)

PROTOTYPE EHS STEERING SYSTEM

To confirm the effectiveness of EHS, the prototype EHS
is established to the conventional steering system. The
actual ship for experiment is the training ship "SHIOJI

MARU" of Tokyo University of Marine Science and
Technology. The principal particulars are shown in
Table 1. The basic specification of steering system is
shown in Table 2.

Table 1 Principal Particulars of “SHIOJI MARU”

Table 2 Basic Specification of Steering System

The hydraulic steering circuit of this ship is shown in
Figure 4. Applying the conventional system, the flow
rate becomes constant at its upper limit when the
movement of rudder angle is large. It is ordinary as
operating that the slew rate is 2.3 (deg/s) with one set of
power unit and also using two sets of power units, it can
drive 4.6 (deg/s).

Table 3 Comparison of Conventional and

EHS Steering System

The conventional steering system is equipped two sets
of AC electric motor and servo valve with large oil tank.
The EHS steering system is equipped only servo motor
and hydraulic pumps with very small oil tank. The
comparison of typical performances of conventional and
EHS steering system are shown in Table 3.

Order

Response

Alarm

Power

Servo Controller

Servo Pack

Servo Motor

Hydraulic Pump
Cylinder

Cylinder

Sensor

Steering

Gear

Oil Tank
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Length (Lpp) 46.0 (m) Type Cpp

Breadth 10.0 (m) Aspect Ratio 1.47

Draft 3.8 (m)

Propeller

No. of Blade 4

Gross Ton 425.0 (ton) Type Diesel

GM 1.48 (m) HP 1400 (HP)

KB 1.56 (m) RPM 700 (rpm)

Hull

Roll Period 6 – 7 (sec)

Engine

No. 1

Area 4.25 (m2)

Aspect Ratio 1.47Rudder

Slew rate 2.3 –

4.6(deg/s)

Cylinder Bore 100 ( )

Rod Diameter 56 ( )
Actuator

Hydraulic

Cylinder

Stroke

(hard to hard)

427 (mm)

Power (pole) 3.7 (kw) / set * 2

Performance 2.3 – 4.6 (deg/s)

[1 set – 2 sets]

Power Unit

Electric

Motor Revolution 1500(rpm)

Type Vane PumpHydraulic

Pump Delivery min. 23 (l/m)

at 12.3(MPa)

Item Conventional DDVC

Size ( H * B * D ) 0.8 * 1.2 * 0.6 (m) 0.3 * 0.7 * 0.25 (m)

Weight 600 (kgf) 60 (kgf)

Electric Motor 3.7 (kW) * 2 4 (kW)

Slew Rate max. 4.6 (deg/s) max. 10.2 (deg/s)

Oil Volume 500 (little) 20 (little)

Flux adjustment Servo valve Hydraulic pump

Power Consumption --------------- 90 (%) reduction

Noise Level --------------- 10 (dB) reduction

Installation & Maintenance Dock & Difficult Quay & Easy
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Figure 5 EHS Prototype Steering System

In order to utilize the ship's own steering system as
much as possible, the EHS steering system was installed
in the spare circuit of own steering system as shown in
Figure 5. The valve A and B of EHS prototype are
connected with valve A and B of conventional system.

Figure 6 Conventional and EHS Steering System

The overview of steering room is illustrated in Figure 6.
The EHS steering system is more efficient regarding
size, weight, electric motor and oil tank volume in
comparison with conventional steering system.
Especially it understands that EHS steering system is
excellent in term of slew rate. It would appear
reasonable to assume that the cost of increasing the size
and complexity of procurement of conventional system.

PERFORMANCE OF EHS STEERING SYSTEM

The authors carried out actual experiments aboard the
training ship "SHIOJI MARU". Figure 6 shows the
results of experiments of the batch adaptive MARCS.
Figures on the left are the time series of ship course, roll
rate, and rudder angle with the conventional steering
system. Figures on the right are the time series of ship
course, roll rate, and rudder angle with the EHS steering
system.
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Figure 6 Results of Adaptive MARCS

Conventional and EHS Steering System

Conventional Steering System (Ju32)

There are three batch periods, each of which length is
200(sec) and the sampling time is 1.0(sec). The first
batch shows result of the digital PID-typed steering law
with disturbance. Both the second and the third batch
period are the results of the rudder roll stabilization
steering with MARCS. The batch adaptive MARCS
uses the optimal gains adapting MARX model, which
are estimated from the former batch data [6][7].
Table 4 shows the variances of ship course, roll rate,
rudder angle and reduction ratios. The reduction ratios
of roll rate are calculated by ship's auto-pilot and
MARCS-1, MARCS-2 in the batch adaptive MARCS.
The reduction in the case of using EHS steering system
is larger than that in the case of the conventional
steering gear.
According to Figure 7 and Table 4, the authors can
conclude that:
a. The rolling in the case of the MARCS using EHS is

reduced less than that in the case of the conventional
one.

b. When the weight function changed, the roll rate is
reduced and a change in rudder motion is occurred
simultaneously.

EHS Steering System (Ju35)

Table 4 Results of full scale experiments

CONCLUSIONS

This paper presents the various stages of the design and
development of advanced rudder roll stabilization
system based high slew rate steering system and
adaptive control. The effectiveness of any roll
stabilization system depends on the magnitude of
stabilization moment that is applicable to the ship. In
order to make the MARCS more effective, it is
necessary to improve a slew rate (rudder speed) design.
First, this paper introduced a high slew rate steering
system with EHS. The EHS steering system realizes the

Test No Control

Mode

ShipCourse

(Variance)

RollRate

(Variance)

RollRate

Reduction(%)

PIDAP 3.178266 2.525148 --------

MARCS-1 0.885640 1.291034 48.87

Ju32

(Conventional)

MARCS-2 0.547671 1.535240 39.20

PIDAP 1.907401 2.218735 --------

MARCS-1 1.100737 1.063286 52.07

Ju35

(DDVC)

MARCS-2 1.166585 0.945265 55.67
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slew rate over 10(deg/s). The EHS has the advantage to
save energy consumption on average by over 80(%) in
comparison with a conventional hydraulic steering
system. It was reported that the EHS steering system
reduced the noise level about 10(dB) in comparison
with the conventional one.
Next, this paper presented the application of the batch
adaptive control based on a locally stationary
auto-regressive model. The advanced MARCS reduced
the roll motion in average with 30~50(%) comparison
with the conventional autopilot. Through these studies,
it proved that the EHS steering system and batch
adaptive MARCS have higher controllability than the
conventional MARCS for the problem of reducing roll
motion of ships with rudder control.
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ABSTRACT 

Environmental problems of global warming are common topics that relate to all people on the earth now. The effort 
of conservation of energy is already an obligation. The purpose is to reduce the amount of the CO2 exhaust that 
occupies most of the heat-trapping gas that causes global warming. As for the oil hydraulic unit used for the production 
machine in the factory, the one of energy conservation or more is strongly requested.  

In this paper, it proposes our two kinds of conservation of energy oil hydraulic units. After the problem for a current 
oil hydraulic unit is clarified, the applied technological means and the effect are shown with the application case such as 
machine tools and the press machines. 

KEY WORDS  

hydraulic power unit, electric power consumption, efficiency, trade-off 

NOMENCLATURE 

W  : Electric power consumption [W] 
   N  : Rotation speed [min-1] 
   T   : Torque [Nm] 
   q   : Displacement of Pump [cm3/rev] 
   P   : Pressure [MPa] 
   Q   : Flow rate [l/min] 

   M  : Motor efficiency 

   m  : Mechanical efficiency of Pump 

   v  : Volumetric efficiency of Pump 

INTRODUCTION 

Some of the chief merits of oil hydraulic system are it 
can output big power with compact system and easy 
force control - more precisely pressure control - . This 
grace enables a lot of hydraulic actuators to be widely 
used for the clamping device in machine tools.  

Furthermore, a lot of hydraulic systems are used as 
driving system of the press machine that needs bigger 
power. 

Now efforts to reduce the emission of the CO2 which 
affects on global warming are made in the production 
machines of the factory. Therefore, the hydraulic 
equipment that decreases the consumption energy is 
needed in the production machine. 

We have been working on developing and improving 
its hydraulic equipment that aims at Energy Saving, 
Safety, Compactness and High Quality. As for the 
hydraulic power unit, we take different energy saving 
means to each one, because all the required functions 
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differ depending on its usage. It is also because each 
acceptable cost is different according to how to use it. 

This paper is organized as follows. In Section 2, 
power consumption of the hydraulic power unit is 
explained. In Section 3, a feature of usage in machine 
tools, past issues and best fit means to solve these issues 
are explained. Moreover, results which proved by actual 
applications are shown. In Section 4, same topics of the 
hydraulic power unit which mainly adopted by Press 
Machine are mentioned. Conclusions are summarized in 
Section 5. 

Electric power consumption of 

 the hydraulic power unit 

Hydraulic power unit is constructed by Pump, Motor 
which drives the Pump and Tank. Now let’s look at the 
electric power that the hydraulic power unit consumes. 
Electric power consumption of Motor is below. 

MTNW /60/2 (1) 

And, the Torque needed for Pump is 

mPqT /2/     (2) 

Re-organizing equations (1) and (2), then electrical 
power consumed by the hydraulic power unit becomes 
equation (3). 

)/( mMPqNW (3) 

On the other hand, flow rate discharged from the Pump 
is equation (4). 

vNqQ /1000/ (4) 

The role of hydraulic power unit is to supply the 
needed pressure ( P ) and flow rate ( Q ) according to the 
machine’s movement. 

What should be noted here is that the efficiency 
mentioned in equation (3) and (4) is not constant but is 
variable according to load condition and driving 
conditions. 

It is difficult as a real problem, though it is an ideal to 
decrease the loss in all the areas to raising efficiency. 
Therefore, we paid attention to an actual way to use, and 
aimed at the efficiency improvement of the 
corresponding area. As a result, the consumption energy 
can be decreased while used actual. 

Hydraulic power unit for machine tool 

In the machine tool, the electric motor such as AC 
servo motor is used for the spindle and the table drive. 
These are axes that influence the processing accuracy 
directly. On the other hand, the hydraulic equipment is 
used for the part that supports work processing such as 
clamping and chucking. And, during the work 
processing, hydraulic unit is used in pressure keeping 
mode for a long time which doesn’t require almost any 
flow rate Q .

Hydraulic power unit which equipped variable 
displacement pump is now generally used on machine 
tool. The pump is driven with an induction motor that 
turns in a constant rotation. However, the pump can 
reduce flow rate Q  by reducing displacement q  of 
the pump in equation (4). 

Here, the problem and the improvement method are 
described about each of the pump and the electric motor 
that composes the hydraulic power unit. And, the 
operating method of the hydraulic power unit is 
similarly described. 

Pumps 
Volumetric efficiency v  of the pump decreases by 

rising of pressure. This is because the amount of the 
leakage from internal sliding area increases.  

In the variable displacement pump, displacement 
q  becomes small when pressure is keeping. However, 
it is necessary to enlarge displacement q  in equation 
(4) to keep pressure when the amount of an internal 
leakage is large. As a result, the electric power of 
equation (3) increases, too. Therefore, reducing the 
leakage contributes to the power consumption decrease. 

On the other hand, it is understood that the 
mechanical friction increases when the leakage is 
decreased and mechanical efficiency m  worsens. 

Then, we did the design that took the trade-off of v

and m  so that the torque T  of equation (2) might 
become small with pressure keeping mode. 

Electric motors 
A general electric motor is designed so that efficiency 

M  at the load factor 100% may rise, and when the 
load factor lowers, becomes inefficient. The torque T
is small in the variable displacement pump, while 
keeping pressure. So it will be used for a long time in 
the point where the electric motor efficiency is in a 
word low. 

Then, even if some efficiency at the ratings load was 
sacrificed, the electric motor that improved efficiency in 
the point where the load factor was low was adopted. 

Driving method 
It is understood to be able to reduce power 

consumption by even reducing rotational speed N
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from equation (3). In the variable displacement pump 
on keeping pressure, the pump axis input lowers as 
shown in Figure 1, when the rotational speed is lowered.  

Figure 1 Pump axis input and torque 

On the other hand, the efficiency M  of the electric 
motor (driven by inverter) decreases oppositely when 
the rotational speed is lowered as shown in Figure 2, 
and efficiency changes in the same rotational speed 
according to the load torque.  

Figure 2 Motor efficiency 

Although the user adds the inverter to an existing 
hydraulic power unit for saving energy, to lower the 
rotational speed, it is understood it is necessary not only 
to lower the rotational speed to do the best conservation 
of energy driving but also to make it to efficiency of the 
electric motor and the best rotational speed 
corresponding to the state of the load. 

In the hydraulic power unit driven by inverter of 
Figure 3, the built-in controller calculates the load from 
the pressure sensor signal. And, it drives in the 
condition with better the entire efficiency.  

The hydraulic power unit works by driving the 

variable displacement pump in a constant rotational 
speed. Or, the hydraulic power unit works by driving of 
changing the rotational speed the fixed displacement 
type pump by the inverter. 

On the other hand, the hydraulic power unit of Figure 
3 has two control degree of freedom of variable 
displacement of the pump and a changeable rotational 
speed. And, the control moved to an efficient operation 
point is done by using this one tedious degree of 
freedom. 

Figure 3 Hydraulic power units driven by inverter 

 Figure 4 Power consumption of hydraulic unit  
(Conventional.) 

Figure 5 Power consumption of hydraulic unit 
 (Driven by inverter) 

Application and effect 
The result of measuring the power consumption of the 

hydraulic power unit is shown in Figure 4 and Figure 5, 
in the machining centre where the hydraulic power unit 
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of conventional type and Figure 3 was installed. 
The hydraulic power unit is used for clamping work, 

which electric motors are 2.2kW, flow rate at a no load 
is set to 28L/min, and the highest pressure is set to 
6.0MPa. It is understood that most time is clamping 
work from the measurement result. The power 
consumption at this time is 578W in Figure 4, 299W in 
Figure 5, and it is decreased by about 48%. 

Hydraulic power unit for press machine 

The movement performance of the hydraulic actuator 
is related to the performance of the machine as it is in 
the press machine. Because it influences the processing 
accuracy of work, the hydraulic system with good 
control performance is requested. Moreover, a big 
difference with how with the machine tool to use it is 
that the hydraulic actuator works frequently. 

Generally, the hydraulic power unit to which the 
variable displacement piston pump is driven with the 
induction motors is used. The movement direction 
switch and the speed control of the actuator are done 
with the valve. In this system, the pressure loss in the 
control valve is large. Within the range of the control, it 
is not good at control of a narrow, especially low side 
from about 1/10. Moreover, the electric motor keeps 
rotating when standing by, and the energy loss at this 
time is also large. 

To solve these problems, the hydraulic system that 
drives both rotation piston pump with the AC servo 
motor has been commercialized. It is a system that does 
all the controls of pressure, the speed, and the position 
by only rotating the motor. And it can decrease the 
energy consumption that the pump operates only as for a 
necessary amount when it is necessary. 

A fixed pump is used to avoid the complexity of the 
control without using the variable displacement pump. 

The servo motor used with this system has the 
following feature. Efficiency is high from low speed to 
the high speed revolution. A torque that is even about 0 
rotations bigger can be generated. Acceleration and the 
deceleration are made a high response, too. Thus, there 
are depend on the ability of the servo motor a lot of 
performances of this system. 

On the other hand, the pump improved volumetric 
efficiency v  when low-speed rotating.  This is an 
important point to suppress pump rotational speed N
low while keeping pressure. 

In the vending machine of Figure 7[2], the 
positioning accuracy of each micron and a brilliant 
movement has been both achieved by combining the 
prefill circuit with this system. The comparison of 
power consumption with a past system is shown in 
Figure 8.  Power consumption is decreased to about 
1/4. 

Figure 7 Vending machine 

Force kN {tonf} 
Figure 8 comparison of power consumption 

CONCLUSION 

We introduced two hydraulic power units for the 
machine tool and for the press machine that attempted 
conservation of energy. As for the system that uses the 
servo motor, the energy-saving effect is large though it 
costs.  It is thought that application will increase in the 
future. Of course, this system is not a hydraulic system 
of almighty in the point of conservation of energy. It is 
necessary to be going to do the approach of the loss 
decrease of each equipment in the future, to ascertain an 
actual way to use, and to continue the approach that 
attempts conservation of energy in the effect. 
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INTRODUCTION OF SERVO VALVE OF BOSCH REXROTH 
AND APPLICATION FOR TESTING MACHINE 

Takahiro Urai 

Industrial Application Engineering 
Bosch Rexroth Corporation 

5-1 Higashi-nakanuki Tsuchiura-shi, Ibaraki, 300-8588 Japan 
(E-mail: takahiro.urai@boschrexroth.co.jp) 

ABSTRACT 

Bosch Rexroth (BR) has three categories control valves. One is the standard proportional valve, second is high response 
control valve and final one is servo valve. These three valves are applied to feed back control system for position, speed, 
force and acceleration. In this presentation, each valves design and performance are explained. And also applied 
applications for testing machine by Bosch Rexroth are introduced. 
.

KEY WORDS  

Servo control, Proportional valve, High response valve, Servo valve 

COTROL VALVE CATEGORIES 

Proportional valves 

Many controls would hardly be conceivable without 
proportional valves with integral electronics (OBE). 
They reduce the cabling effort and simplify handling 
while offering exact reproducibility and low 
manufacturing tolerances. 
-Performance profile 

< Pressure and flow control and directional valve 
variants in sizes 6 to 52 

< Maximum flow 2800 L/min 

<
Figure 1  High response valve 

Maximum operating pressure 350 bar 
< Proportional solenoid with electrical closed-loop 

position control for high accuracies (> 1 %) 
< Rugged electronics for stationary and mobile 

applications 
High-response valves 

High-response valves are compact and robust. They are 
convincing in their high dynamics and control accuracy. 
The core product of size 6 and size 10 can be combined 
with main stages of up to size 160 with a nominal flow 
of up to 18000 liters. 
-Performance profile 

< Maximum flow 50000 L/min 
< Maximum operating pressure 420 bar 
< Sizes 6 to 160 
< Highly dynamic valves with zero overlap for use in 

closed control loops 
< Direct and pilot operated 
< For subplate mounting and block installation 

Servo-valves 

Servo-valves are hydraulically pilot operated 2- or 
3-stage directional valves with porting pattern to DIN 
24340 form A. They are mainly used for closed 
loop-controls of position, force or pressure and 
velocity. 
They are characterized by: 
– Compact build 
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– Low electrical power consumption 
– High dynamics and 
– Excellent quasi-steady-state values 
-Performance profile 
< Maximum flow 1600 L/min 
< Maximum operating pressure 315 bar 
< Sizes 6 to 32 

Figure 2  Servo valve 
Cartridge Servo-valves 

This is high response cartridge valve operated by pilot 
servo valve. Two way and three way is available. High 
flow and high response closed control is achieved.  
-Performance profile 
< Size 32 to 160, Maximum flow 17,000 L/min 
< very short switching times, low hysteresis 
< Integrated control electronics type available 

Figure 3  Cartridge servo valves 

APPLICATION EXAMPLE 

Testing equipment 

Testing equipment for testing the durability of vehicles 
has a modular structure. The use of standardized 
subassemblies combined with intelligent engineering 
yields individual concepts, which can be integrated in 
the individual testing equipment in the form of 
self-contained overall systems. 
Testing of functions and components 

With the testing rigs in the form either of testing 
function rigs for hydraulic components/vehicle 
components or of testing component rigs for testing the 
durability of vehicle components, weak points are 
identified and eliminated, and product quality is 
documented. 

Figure 4  Testing machine 

Central hydraulic power station 

Typical test centers of car manufacturers and OEM car 
part suppliers need to supply a wide range of hydraulic 
actuators of different testing and simulation equipment. 
For this purpose it is of high advantage to install a 
central hydraulic power station with a programmable 
controller to control the pressure supply. This comprises 
in house pipe work with a pressure, tank and leakage oil 
line, the shut-off valves and monitoring sensors. 
Inverse crash facilities 

The automotive industry continuously is facing 
demands for tougher safety standards which has been 
compelled to build high-precision test equipment. Real 
and inverse crash facilities are the answer to this 
question. They are used in the laboratory to investigate 
accident situations to get information about the passive 
safety of the vehicle and its components. 
By converting deceleration into acceleration, it is 
possible to simulate a situation from standstill which 
would occur due to collision with an obstacle at high 
speed. Outstanding advantage is that the specimen does 
not get destroyed and the test can be performed several 
times for little costs to the user. 

Figure 5  Inverse crash facilities 
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ABSTRACT 

  This research presents a new flexible bending machine and its practical applications. The proposed machine uses a 
new method. When tubes are fed into the fixed and mobile dies, they are bent by shifting the relative position of the 
mobile die. The bending radius is controlled by the relative distance and orientation between the mobile die and the tube. 
The bending angle is controlled by the length of the fed tube. This forming process has a big advantage. A change of the 
expected bending shape will need no change in the tooling system but only a new definition of the motion of the active 
die and the length of the fed tube. The active die movements are controlled by a 6-DOF parallel kinematics mechanism 
(PKM) with hydraulic servo drive. Making use of the PKM serves not only to achieve a complete motion along six axes 
but also to obtain a high dynamic motion of the bending machine. Application examples show that the bending machine 
can be applied to designer's interiors, universal designed products, and automotive parts. Until now these processes 
have been difficult to achieve using a conventional bending machine. 

KEY WORDS  

Parallel kinematics mechanism, Hexapod, Hydraulic servo, Tube forming, Free-form bending,  

NOMENCLATURE 

R      :  Bend radius. 
u      :  Offset .. . 
L      : Distance between dies... 
F      : Working load. 

pF     : Pushing load. 
, ,  : Euler angle of a moving die.

P      : Point located at the canter of a moving 
            platform. 
O      : Origin of the fixed platform.  

iA       : i th ball point on the fixed base. 

iB       : i th ball point on the moving platform. 
P       :  Position vector of a point P with respect 
            to origin of the fixed platform. 

i i,a b  : the position vectors of points iA and iB .
A

BR  : Rotation matrix that describes 
            the orientation of frame B with respect  
            to frame A.

, ,u v w  : Unit vector pointing along the u,v,w-axis 
           of a moving frame. 
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INTRODUCTION 

  Bent tube products are employed in manufacturing 
many kinds of products such as fluid arrangements, 
furniture, transport apparatus, and mechanical parts, as 
required for reduction of production cost and weight.  

For basic bending methods of tubes, (1) rotary-draw 
bending, (2) press bending, and (3) roll bending, have 
been commonly used. The rotary-draw bending is the 
most standard method used on rotary-type bending 
machines, which can be powered, manual, or 
numerically controlled. The draw bending consists of 
the rotating bending form, clamping die, and pressure 
die. The workpiece is secured to the bending form by a 
clamping die. As the bending die rotates, it draws the 
workpiece against the pressure die. These machines 
handle about 95% of tube bending operations [1]. The 
press bending method uses simple tooling and is quick 
and easy to set up. The major advantage of press 
bending is its high production capabilities but it has less 
accuracy. Roll benders use the basic principal of force 
applied between three rotating rolls. The material enters 
the rolls and roll pressure causes it to yield on the 
underside of the center roll.  

Besides these conventional techniques, a new flexible 
CNC bending machine which is based on the MOS 
bending method [2] has been developed. MOS bending 
is a versatile and flexible method for a free-form 
circular tube. However, this method can not bend a 
square or rectangular tube. For the hydroforming of 
space frame components, there are the increasing needs 
for three-dimensional free-form bending profiles of non- 
circular tubes.  

This paper, therefore, presents a new flexible bending 
machine for non-circular tubes and profiles that are 
difficult to bend using conventional bending machines. 

BASIC CONCEPT 

  The applied basic concept [3] is shown in Figure 1. 
Two tooling dies are used for the bending process. One 
is fixed and the other one is actively moved forming the 
part to be bent. Both dies are shaped in accordance with 
the outside shape and parameters of the tube or profile. 
The tube or profile is pushed through the fixed die and 
is bent by the motion of the mobile die. Pusher 
movement and movement of the mobile die are 
synchronized. When the tubes are fed into the fixed and 
mobile die, they are bent by shifting the relative position 
of the tube. The bending radius R is controlled by the 
relative distance   between the die and the tube. The 
bending angle is controlled by the length of fed tube. 
This forming process has a big advantage. A change of 
the expected bending shape will need no change in the 
tooling system but only a new definition of the motion  

of the active die and synchronization of the pusher.

MACHINE STRUCTURE AND DESIGN 

  Figure 2 shows the schematic of the proposed 
bending machine. This machine consists of a mobile die 
with a 6-DOF parallel kinematics mechanism, a fixed 
die, a pusher and a mandrel. 
Mobile Die and 6-DOF PKM 

  The active die movements are controlled by a 6-DOF 
parallel kinematics mechanism (PKM). Making use of 
the PKM serves not only to achieve a complete motion 
along six axes but also to obtain a high dynamical 
motion of the bending machine. 
Fixed Die 

  The mounting carries the rigid fixed die and must 
absorb the press force in conjunction with the frame 
components.  
Pusher

  The feeding or pusher module creates a controlled 
feeding motion of the workpiece in the bending zone to 
generate the bending geometry. The feeding motion is 
defined as a function of the corresponding forming 
procedure. The pusher is driven by a hydraulic servo 

Figure 2 The proposed bending machine 
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motor. The rotary motion is transformed into a 
translation one upon a ball screw. Within this module, 
feed forces up to 40kN  and positioning accuracy of   

0.1mm can be achieved in this machine. In the 
prototype bending machine, profiles up to a length of   
2300mm can be formed. In order to avoid buckling risk, 
the profile runs through a conduit which completely 
encapsulates it. This conduit depends upon the profile’s 
cross-section and must be changed for another profile 
cross-section. The conduit is split into a right and left 
box in conjunction with an automatic profile feeding 
module. The conduit can be opened manually. 
Mandrel 

  The mandrel is a tool inserted in a tube or pipe in the 
region of the bend tangent. This tool is not only to 
diminish the risk of buckling, but also to reduce wall 
thickness alterations, distortion and torsion of the 
cross-section. On the proposed machine, the mandrel is 
attached to a rod anchored at the rear of the machine. 
The rod incorporates lateral and longitudinal adjustment 
capability to position the mandrel in relation to the bend 
radius and at the point of the bend. 

KINEMATIC MODELING 

  Figure 3 and 4 show this 6-DOF PKM known as a 
Stewart-Gough platform [4]. Six identical limbs connect 
the moving platform to the fixed based by spherical 
joints iB  and iA , 1,2,...,6,i  respectively. Each limb 
consists of an upper member and lower member 
connected by a prismatic joint. Ball screws can be used 
to vary the lengths of the prismatic joints and therefore 
to control the location of the moving platform. For the 
purpose of analysis, two Cartesian coordinate systems, 
frames ( , , )A x y z  and ( , , )B u v w  as shown in Fig.4, are 
attached to the fixed based and moving platform, 
respectively. The transformation from the moving 
platform to the fixed base can be described by the 
position vector p  of the centered P  and the rotation 
matrix A

BR of the moving platform. Let u  , v  and   
w be three unit vectors defined along the u  , v  and   
w axes of the moving coordinate system; then the 
rotation matrix can be written as:  

 (1) 

As shown Fig.4, let T
, ,i ix iy iza a aa and

T, ,i iu iv iwb b bb  be the position vectors of points  
iA and iB , respectively. We can write a vector-loop 

equation for the  th limb of the manipulator as follows: 

(2) 

The length of the i th limb is obtained by taking the dot 
product of the vector with itself: 

(3) 

where id denotes the length of the i th limb. Taking the 
square root of Eq. (3) we obtain: 

(4) 

for 1,2,...,6i . Hence, corresponding to each given 
location of the moving platform, there are generally two 
possible solutions for each limb. However, a negative 
limb length is physically not feasible. When the solution 
of becomes a complex number, the location of the 
moving platform is not reachable. 

CONTROL SYSTEM 

  PKM with six degrees of freedom using six electro 
hydraulic servo cylinders has large rigidity and support 
power. This feature is widely used for a driving device 
with multi degrees of freedom that has a heavy load and 
needs a large driving force. These hydraulic PKM 
focusing on major acceleration forces are flight 
simulators, which requires a high degree of dynamics in  
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their guidance behavior. On the other hand, for 
hydraulic PKM in the bending machine, the focus is on 
high positioning accuracy and load rigidity. Figure 4 
shows the electro hydraulic servo control system for the 
proposed bending machine. 

EXPERIMENTS 

Basic Bending 

  In order to evaluate the performance of the proposed 
bending machine, basic bending was performed. Figure 
5 ,6 and 7 show an overview of the basic bending. 
  The bending radius R of the tube is decided by the 
magnitude of offset u. The relationship between the 
offsets u and the bending curvature 1/R is shown in 
Figure 8 as a parameter of material shapes. The 
relationships can be obtained by bending experiments. 
The flexural rigidity, Young's modulus and other 
material properties vary with changes of materials and 
dimensions of the tubes. Therefore, the bending radius R
fluctuates even though the offset u does not change. But 
this bending machine can bend the tubular workpiece 
into a certain bending radius by adopting a suitable 
relationship of u and R for the tube, even though the 
tubular material or dimensions change.  

APPLICATIONS 

  Experimental results show that the bending machine 
can be applied to many kinds of products such as 
furniture, universal designed products, and automotive 
parts. Until now these manufacturing processes have 
been difficult to achieve using a conventional bending 
machine. 
The designer interior 

  The new bending machine has no limit for the 
designers' request about shapes as compared with the 
conventional bending machine. Therefore, designers can 
display their ability to create a new design concept.  

Figure 4 Hydraulic control system 

Figure 5 Results of the square tube bending (aluminum) 

Figure 6 Results of the circular tube bending (aluminum) 

Figure 8 Relationships between u and 1/R

Figure 7 Result of the circular tube bending (steel) 
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  Figure 9,10 and 11 shows the designers' image sketch 
and the vase product as an example. 
Universal Design 

  The human body has very complex and three 
dimensional shapes. Therefore, the medical equipment's 
parts such as a handrail should be made to fit for the 
complex and three dimensional human body shapes. 
When the handrail is made by a conventional bending 
machine, the bending process is very difficult and many 
days are needed for preparing the dies. But, if the new 
bending machine is used, the complex shaped handrail   
can be easily produced after a little trial bending.  
Extrusion bending  

  Bent thin-walled aluminum extrusions (see Figure 14) 
have great potential for automotive parts. However, 
extrusion bending process has been difficult to achieve 
using a conventional bending machine. Figure 15 and 
16 show the results of extrusion bending. Experimental 
results show that the bending machine can be applied to 
extrusion bending process. 

Figure 12 The design of a handrail

Figure 13 The handrail with universal design

Figure 11 "STROKE vase"

Figure 9 The sketch of "STROKE vase"

Figure 10 the vase production
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CONCLUSION 

  In this paper, a new flexible bending machine for 
tubes and profiles that are difficult to bend using a 
conventional bending machine was proposed. This 
system utilized the 6-DOF PKM as a controlling mobile 
die. The geometrical relationship between the moving 
platform and the length of six limbs of the PKM were 
formulated. The electro hydraulic servo control system 
for the bending machine was also proposed. The 
hydraulic PKM has been focusing on high positioning 
accuracy and load rigidity. Experimental results show 
that the bending machine can be applied to designer's 
interiors, universal designed products, and automotive 
parts. Until now this process has been difficult to 
achieve using a conventional bending machine. 
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ABSTRACT 

Nowadays, hydraulic actuators play an important role in a modern industry where controlled force or position with high 
accuracy is the most significant demand. This paper presents a new kind of hydraulic load simulator (HLS) for 
conducting performance and stability test in the bench system where force control is important. The system model 
consists of a hybrid hydro-electric actuator and another hydraulic circuit generating disturbances. For the purpose of 
improving force control performance of hybrid systems, a robust force controller using Quantitative Feedback Theory 
(QFT) technique applied to the HLS is also proposed in this paper. The controller is designed to satisfy the robust 
performance requirement, tracking performance specification, and disturbance attenuation despite uncertainties of HLS. 
Experiments are carried out to evaluate the effectiveness of the proposed control method applied for hydraulic systems 
even in the large varying perturbation. 

KEY WORDS  

Key words: Hydraulic system; Force control; Quantitative feedback theory (QFT) 

NOMENCLATURE 

P(s) : Transfer function of the nonlinear plants 
G(s) : Cascade compensator - Controller 
F(s) : Input filter transfer function 
y(t)  : Plant output 
r(t) : Command input 
V, D : Disturbances 
T(s) : Closed-loop transfer function 
L(s) : Opened-loop transfer function 
Dis(t) : Disturbance source 

  : Frequency 

INTRODUCTION 

Hybrid actuation systems have a wide range of 
applications because of their advantages such as 
durability, high power, controllability, accuracy, 
reliability, etc ... To improve the stability and 
performance of the hybrid actuators, especially in 
dynamic loading process with unknown disturbances, 
some kinds of load simulator systems were presented. 
Su and Wang [1] presented a new kind of 
electro-hydraulic load simulator with high precision. 
The experiment results showed the effect on the way 
how to eliminate or reduce the disturbance torque and 
improve control performances of loading system. Li [2] 
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carried out the thorough analysis and research on torque 
load simulator using electro-hydraulic servo control. 
However the control problem is very complicated 
because of the dynamic characteristics of the hydraulic 
load actuation systems are basically nonlinear and 
uncertain. The nonlinearities and uncertainties mainly 
come from the unstableness of some hydraulic 
parameters such as bulk modulus, compressibility of oil 
or viscosity of oil. 
The Quantitative Feedback Theory (QFT) is ideally 
suited to feedback design for systems with large 
parameter uncertainties. The concept was first 
introduced by Horowitz in the early 1960s and 
continuously developed by him and others into an 
efficient robust control design technique [3]. QFT 
technique has been successfully applied to solve many 
engineering problems, including robot position control, 
flight control actuators and manufacturing systems. In 
improving performance of variable-displacement 
hydraulic vane pump, Thompson and Kremer [4] 
developed a robust controller via QFT technique. The 
simulation results showed that the closed-loop system 
response remained stable under variation in fluid bulk 
modulus and linkage areas parameters. Niksefat and 
Sepehri [5] succeeded in using nonlinear QFT technique 
to design a robust force controller and overcame many 
of nonlinearities and uncertainties existed in the 
experimental industrial hydraulic actuators.  
This paper proposes a new testing model of hybrid 
actuator – hydraulic load simulator (HLS) which 
contains a hybrid hydraulic-electric actuator and a 
disturbance generator. Moreover, a robust force 
controller is also designed for the (HLS) using QFT 
technique. Therefore, it contains two parts: derivation of 
a nominal plant model with the uncertain bounds for 
HLS dynamics and a force control loop design based 
QFT. The controller is designed to satisfy the robust 
performance requirement, tracking performance 
specification, and disturbance attenuation requirement.  

EXPERIMENTAL APPARATUS 

The schematic diagram of the new HLS is shown in Fig. 
1. The system hardware consists of a hybrid 
hydraulic-electric actuator, a computer included 
PCI-bus multifunction cards and another hydraulic 
circuit generating disturbances simulating the noises in 
the hydraulic hybrid systems. In this model, the hybrid 
hydraulic-electric actuator is an intelligent hydraulic 
system. This is a combination of AC servo motor 
(SGMGH-30PCA21), piston pump, reservoir and 
hydraulic control circuit. The operation at the speed 
which meets the machine requirements (flow rate and 
pressure) reduces power loss, and provides energy 
savings. The pressure oil line from the pump without a 
control valve minimizes the pressure loss and 
substantially reduces the heat generation of hydraulic 

fluid. About the operation of the hybrid actuator, the 
bidirectional rotational pump is used and driven by the 
AC servo motor so that the pump can supply pressured 
oil in both directions. The pump is well equipped as a 
hydraulic driving force. With the servo drive, the digital 
control parameter setting facilitates the operation of the 
system and its maintenance. In addition, to prove the 
effectiveness of the presented control method when the 
system operates in the real conditions, another 
hydraulic-electric circuit is applied for generating 
disturbance which is a combination of band-limited 
white noises and a sine wave noise. The simulink 
interface with compatible PCI cards is used to supply 
the noise signal for the AC servo motor (FMA-KN55), 
through a hydraulic control circuit and piston to 
generate the perturbation environment. A compression 
spring with 519 kN/m stiffness is used to connect the 
hybrid actuator and the disturbance generator. A load 
cell (YG38-T5) is used for obtaining the feedback force 
signal. The setting parameters for the HLS system are as 
shown in Table 1. 
In the control strategy of the hybrid hydraulic-electric 
actuator, the deviation between the reference input 
signal and the force sensor signal is measured on the PC. 
Here, the proposed controller processes the data inputs 
and the control signal is sent from the PC to the servo 
drive to drive the AC servo motor (SGMGH-30PCA21) 
by using PCI cards, consequently forming a feedback 
control loop.  

Figure 1 Schematic diagram of HLS 

Table 1 Setting parameter for HLS System 

System

param
eters 

Parts

Meaning Load 
simulato

r

Disturban
ce 

generatio
n

AC Servo 
Motor 

200 200 Power supply (Volt) 
2.5 2.2 Power (kW) 
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18.6 26.18 Rate torque (Nm) 

Pump
2500 2200 Speed (rpm) 

15 10 Displacement 
(cc/rev) 

M (kg) 1000  Load 
Cylinder 

param
eters 

63 x 35 
x 150 

55 x 35 
x 100 

Piston diameter x 
Rod

diameter x Length 
of 

stroke (mm) 
Spring
(kN/m) 519 Environment 

stiffness 
Relief
Pressure 
(bar) 

175
Relief valve 

cracking 
 pressure 

A PC (AMD Athlon 1.9 GHz) included two PCI-bus 
data acquisition & control cards (Advantech cards, PCI 
1711 and PCI 1720) is used to receive, process feedback 
signals and generate the output signals to control the 
motors. The control algorithm is built within Simulink 
environment combined with Real-time Windows Target 
Toolbox of Matlab. Fig. 2 displays the experimental 
apparatus. 

Figure 2 Photograph of HLS system 

ROBUST CONTROLLER DESIGN 

Quantitative Feedback Theory (QFT) is a unified theory 
that designs and implements robust control for a system 
with structure parametric uncertainty to satisfy the 
desired performance specifications, even when faced 
with the presence of disturbance, noise amplification or 
resonance. 
The QFT method proposes as a general control strategy 
the two of freedom structure presented in Fig. 3. The 
output y(t) is required to track the command input r(t) 
and reject disturbances. 

Figure 3 Structure of QFT algorithm 

The controller G(s) is to be designed so that the 
variation of y(t) resulting from nonlinear plant 
uncertainties is within allowable tolerances and that the 
effects of the disturbances of y(t) are acceptably small. 
Also, the filter F(s) must be designed to achieve the 
desired tracking close-loop control ratio. 
Model Identification 

For the purpose of controller design, the derivation of 
linear time-invariant equivalent models is necessary. 
The first step in designing a robust QFT controller is 
thus to derive a family of uncertainties of the plant 
transfer function. An equivalent family of plants can be 
derived analytically, numerically from a plant model or 
directly from plant experimental input-output data.  
In this study, a family of linear time invariant transfer 
functions for the HLS is obtained from experimental 
frequency responses of the system in the presence of 
significant uncertainty. Experimental frequency 
responses to a square input signal are carried out. The 
input signal is supplied to the driver of the AC servo 
motor in the load simulator part and then makes the 
cylinder impact on the spring-load sensing. Moreover, 
the maximum impact force to the load cell is 5 tonf. 
Therefore to avoid the damage to the load cell, the 
amplitude of the input signal is set to 4.2 V at which 
the acting force to the load sensing measured is more 
than 4 tonf.  
In the identification process, the experiment was done 
many times to obtain the gathering of the input and 
output data. To identify a family of uncertainties of the 
plant transfer function, the estimation of simple process 
models in MATLAB was used with the sampling time is 
0.01s.  
One sample experimental result is shown in Fig. 4. This 
result corresponds to the case when the maximum 
allowable control signal is applied to AC servo driver. 
As shown in the upper part of Fig. 4, the simulation and 
experiment results closely agree. 

Figure 4 Identification of the system model 
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The HLS system can be presented by a family of 
second-order transfer functions as followings: 

1 1
kP s

as bs
     (1) 

here 3.97,6.81 ; 0.75,1.16 ; 0.75,1.16 ;k a b
QFT Controller Synthesis 

The objective of this section is to design a robust force 
controller for the HLS that is represented by the 
uncertainty transfer function (1). In QFT, for tracking 
performance requirement, the strictly proper controller, 
G(s), and a strictly proper pre-filter, F(s), (Fig. 3) are to 
be designed base upon the stability and system 
performance’s specifications. In this case, the HLS 
system should fulfil the following control criterions: 

Settling time = 1.5 [s] 
Maximum percentage of overshoot 2 %

In the case study, the bounds for tracking specifications 
correspond to the trajectory defined by the responses to 
the step input. The time responses yu(t) and yl(t) in Fig. 
5 represent the upper and lower bounds, respectively. 
For a satisfactory design, an acceptable response y(t)
must lie between these bounds. The modeling of a 
desired transmittance T(s) is discussed in detail by 
Horowitz [3].  
After using an iteration process to find acceptable 
models, we have the following Tl and Tu functions: 

2
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Figure 5 Tracking bounds in the time domains 

Therefore, the QFT force control loop of the HLS 
system is designed how the signal robust tracking meet 
the acceptable range of variation with respect to a 
reference signal as follows: 

j j j , 0l uT T T        (3) 
where T(s) is the closed-loop transfer function: 

1
F s G s P s

T s
G s P s

           (4) 

In QFT approach, there are two control objectives. The 
first is the closed-loop robust stability which must be 
checked with reasonable margins. By the Nyquist 
criterion, closed-loop stability is retained as long as the 
loop gain does not cross the point -1 under uncertainty. 
The robust stability is presented by a forbidden region
about the origin which is enclosed by an M-locus in the 
Nichols chart. Hence, an approximately of M = 1.4 (3 
dB) gain margin for the closed-loop system is given by: 

    
j

1.4, 0
1 j

L
M

L
   (5) 

where L(s), the opened-loop transfer function, is defined 
     L s P s G s        (6) 
The second control objective is closed-loop disturbance 
attenuation. For disturbance rejection at plant output, 
the sensitive reduction problem has to be solved. 
Therefore, the upper tolerance is imposed on the 
sensitive function. Here, a constant upper bound to limit 
the peak value of disturbance amplification is 
considered as follows: 

max

1 1.2, 0
1 j DM

L
       (7) 

Inequalities (3), (5) and (7) impose constraints on 
nominal loop gain 0L s  (where 0 0L s P s G s ,

and 0P s  denotes the nominal plant transfer function). 
These constraints are used to determine the tracking 
performance, robustness and output disturbance 
rejection boundaries on the Nichol chart at each critical 
frequency as = 0.01;0.05;0.1;0.5;1.5;5;10;50;100
rad/s. A feedback design satisfies these bounds if for 
each critical frequency the corresponding value of the 
loop gain is on or above the performance boundary, 
output disturbance boundary and to the right of or on the 
robustness forbidden region.  
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a) Robust tracking performance without filter 

b) Robust tracking performance with filter F(s) 
Figure 7 Robust tracking performance 

The generated QFT bounds (by constrains (3), (5) and 
(7)) and the final loop shaping for the HLS are shown in 
Fig. 6. Based on the above analysis, the QFT robust 
controller is determined:

2

621150.4154 7.528
583.7 1.475 005

s
G s

s s e
   (8) 

The final step in QFT design process is the selection of 
the pre-filter F s . Design of a proper function oL s

guarantees only that the variation in jT  is less 
than or equal to its constraint (3). 
Fig. 7.a shows the closed-loop frequency response of 
the HLS system not lay between the upper and the lower 
tracking performance boundaries of jlT and

juT . Therefore, the purpose of the pre-filter is to 

position ln jT  within the frequency domain 
specifications. The pre-filter was found: 

     14.0425
14.45

F s
s

         (9) 

The effect of the pre-filter is illustrated by comparing 
closed-loop frequency response both with and without a 
pre-filter. From Fig. 7, it is clear that all tracking 
specifications are satisfied in frequency domain. 

EXPERIMENTAL RESULTS 

The QFT control algorithm and the conventional PID 
controller which is used to control the HLS system is 
built by the combination of Simulink and Real-time 
Windows Target Toolbox of Matlab and connected to 
Advantech cards. Fig. 8 displays the proposed control 
scheme applied to the HLS. The sampling time was set 
to be 0.001s for all experiments. Furthermore, in order 
to prove the effectuality of the proposed controller, a 
disturbance source containing the band-limited white 
noises and the sine wave noise (Fig. 8) is generated real 
time during the system operation as given: 

sinDis t A t Rnd t   (10) 
where: ,A are amplitude, frequency parameters of the 
sine wave; Rnd(t) is the random white noise signal. 
All the disturbance parameters are changed to generate 
the small or large perturbation as shown in Table 2. The 
noise signal performed in (10) is sent from the computer 
to the AC servo drive of the disturbance generation part 
by the DA converter (PCI 1720). Then the controlled 
AC servo motor (FMA-KN55) with the hydraulic 
control circuit and piston are used to create the 
perturbation environment for the load simulator part in 
testing the control performance (see Fig. 1 and Fig. 8). 
Furthermore, the noise signal generated in (10) is added 
to the signal from the system output with a chosen gain 
to make a challenge for the force control problem. 
At first, the small disturbance was generated to make 
comparisons of HLS using different controllers. The 
experiments were done with step reference input. In 
case of the HLS using traditional PID, the PID 
coefficients must be tuned by experience and trials to 
get the tracking performance in the acceptable range. 

Table 2 Disturbance Parameters 
Disturbance Kinds  Small 

Disturbance 
Large  
Disturbance 

Sine wave Amplitude Volt 0.4 0.8 
Frequency Hz 5 2 

White Noise Power Volt 0.00005 0.00015 
Sampling time T sec 0.001 0.001 

Figure 8 Simulink control diagram for HLS 
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Fig. 9 is the force responses with respect to step 
reference input. From the results, it shows that although 
the PID coefficients were tuned by trials, the control 
performance is worse than in case of using the QFT 
controller. Moreover, the effect of perturbation on the 
HLS makes the PID controller is unable to track the 
reference input with the allowable tolerance of error. It 
is shown clearly when the HLS operates in the large 
noise environment. Fig. 10 displays the control signals 
and the force response of HLS in case of step reference 
input and the working condition had large disturbance. 
These results show that conventional controller with 
fixed gains does not yield reasonable performance over 
a wide range of operating conditions. Hence, the robust 
force controller described in section 4 is implemented to 
overcome the above control problems. 
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Figure 11 Multiple step responses of HLS 
– In case of large disturbance 

In order to make the comparison between the 
conventional PID and the QFT controller for different 
set-point reference inputs, the multiple step signals, is 
also investigated. Fig. 11 is the responses of the HLS 
between using the PID and the QFT controllers. The 
results prove that, in case of different setting-points, the 
responses of the system using proposed controller is 
more stable than the conventional one. It is clear that a 
good force regulation is realized in the case of using 
QFT to design a robust force controller. 

CONCLUSIONS 

This paper presents a new kind of HLS which is very 
convenient for conducting performance and stability test 
for control force of hydraulic hybrid systems. A robust 
force control using the QFT design technique was 
developed and successfully applied to the HLS. The 
input pre-filter transfer function F(s) and proper 
controller G(s) are designed to satisfy the required 
specifications of robust stability, robust tracking and 
disturbance attenuation. 
The experimental evaluation compared with the 
conventional PID controller  prove convincingly that 
the QFT controller could achieve good tracking with 
respect to different reference input signals and in case of 
variation of disturbances. 
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ABSTRACT 

New pneumatic actuators developed in the author's laboratory will be presented with their applications to new 
mechatronics. Examples of them are a pneumatic rubber actuator for compliant robots, a micro pneumatic tube actuator 
assisting the colonscope insertion, a pneumatic stepping motor with high torque and resolution, a pneumatic drive 
bicycle, an intelligent pneumatic cylinder which has encoder and micro CPU realizing local control and communication 
functions, and a new control method utilizing multiplex pneumatic transmission for pneumatic systems with 
multi-degrees of freedom. 

KEY WORDS  
pneumatic actuator, robot, mechatronics 

INTRODUCTION 

We have developed many kinds of actuators from nano 
positioning actuator using piezoelectric material to big 
force hydraulic actuator and their applications [1, 2]. In 
this report, our research activities on pneumatic 
actuators are introduced. They include 1) a small 
stepping pneumatic motor with high torque, 2) 
compliant pneumatic rubber actuators, 4) pneumatic 
drive bicycle, 5) intelligent pneumatic cylinder, and 6) a 
new control method for pneumatic system consisting of 
many cylinders. 

NUTATION MOTOR 
Figure 1 shows an example of the developed nutation 
motor [3, 4]. It consists of a pair of bevel gears; a 
cone-shaped bevel gear, shown as a fixed bevel gear in 
Fig.1 and a cup-shaped bevel gear, shown as a rotary 
bevel gear, which is supported by a spherical bearing. 
As the bevel gears have different numbers of tooth, 
gearing between two gears causes rotation of the rotary 
bevel gear, resulting in the rotation of the output shaft 
through the output bevel gears. 

The rotary bevel gear is driven by a rubber 
diaphragm behind it, which has three pneumatic rooms. 
Driving each pneumatic room sequentially causes the 

Fig.1 An Example of internal structure of 
nutation motor

Fig.2 Developed nutation motors 
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nutation of the rotary bevel gear to drive the motor. As 
this gear mechanism works as a reduction gear, the 
motor works as a stepping motor generating big torque. 

We have developed many prototypes as shown in 
Fig.2. The motor shown in Fig.1 has the bevel gears of 
30 and 29 in tooth numbers, respectively, and generates 
the maximum torque of 5.5x10-3 [Nm] and 4 degree in 
stepping angle.  

COMPLIANT ROBOTS 
Manta robot 
We developed a bending pneumatic rubber actuator 
named flexible microactuator, FMA [5] and applied it to 
various kinds of compliant robots. Figure 3 shows the 
FMA structure. It is made of rubber and has three 
internal chambers. Applying air pressure to each 
chamber causes the motion of three degrees of freedom; 
bending in any direction and stretching. It is designed 
based on non-linear FEM, where geometrical and 
material nonlinearities and contacting problems are 
analyzed. The analysis results agree well with the 
experimental results in general as shown in Fig.4 to 
make us design the actuators easily. 

Pneumatic rubber actuators in general are suitable 
for underwater robots to move smoothly like living 
creatures because pneumatic rubber actuators have 
water-resistance, high power density, light weight, and 
high compliance to deform smoothly with interaction 

with water. 
A manta type swimming robot is designed as shown 

in Fig.5 [6]. Two FMAs are embedded in the robot as 
shown in Fig. 5. The manta robot is 170 mm in width 
and 150 mm in length. It is made only of silicone rubber. 
Two flexible pneumatic tubes are connected to each 
actuator, resulting in four flexible pneumatic tubes in 
total to drive the robot. The developed manta robot 
works very well in water with the swimming speed of 
100 mm/s and also steers in any desired direction. 

Tube actuator assisting colonoscope insertion
Inserting an endoscope into the colon requires very 
technical procedure and it is difficult in some cases even 
for experienced doctors. Although active colonoscopes 
have been researched, these instruments are still in the 
development stage. Mechanisms for this application are 
required to be soft enough not to injure the colon wall 
and being deformable enough to adapt to the curves of 
the colon. In addition, the mechanisms must generate 

Fig.3 Structure of Flexible Ficroactuator 

FFiibbeerr--rreeiinnffoorrcceedd rruubbbbeerr

AAiirr ssuuppppllyy ttuubbeess

FFiibbeerr

SSiilliiccoonnee rruubbbbeerr

RRuubbbbeerr ccaappss

Fig.4 FMA design based on non-linear FEM analysis

Fig.5 Manta swimming robot 

FMA

(1)                       (2) 

(3)                       (4) 
Fig.5 Experimental results of manta swimming 
motions
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distributed force adequate for traveling. These 
requirements are difficult to be satisfied using 
conventional mechanisms and actuators. We have 
designed and developed two types of new driving 
mechanism using pneumatic rubber actuators and made 
their feasibility tests [7].  

One mechanism is “Multi-room rubber tube 
actuator”, shown in Fig.6: introducing pulse pneumatic 
flows to a thin rubber tube causes traveling deformation 
waves on the tube surface, which drives an object 
placed on the tube. A colonoscope is inserted in the 13 
mm hall and applying pulse pneumatic flows generates 
progressing waves on the tube surface, which convey 
the colonoscope with the tube itself. 

A basic insertion experiment was made using a 
dummy colonoscope equipped with a force gauge to 
detect the insertion force of the operator as shown in 
Fig.7. The path was made of a vinyl hose with the 
curvature of 17 to 26 cm. Figure 8 shows the force 
required to insert the dummy scope to the vinyl hose. 
The upper figure shows the required force without 
driving the tube while the lower figure shows the 
required force with driving the tube. Notes such as 
60cm and 70 cm in the figure indicate the position of 
the head of the scope. The horizontal axis indicates 

time. 
As shown in Fig.8, the results show the 

effectiveness of the thin tube wave generator very 
clearly; driving the tube enabled the insertion to 85 cm 
position in 1 sec, while it was difficult to insert the 
scope beyond 70 cm position without driving the tube 
because of the friction between the scope and the vinyl 
hose. It took 4 sec to insert the scope to 70 cm position 
without driving the tube [7]. 

The other mechanism is “Tetra Chamber 
Actuator”[9]: a rubber tube which has four chambers in 
it is wound around the colonoscope to cause traveling 
deformation waves on the scope surface by sending 
pneumatic pressures to each chamber sequentially. Its 
original idea comes from bubbler actuator [7, 8]. The 
designed cross section of the actuator and its 
deformation are shown in Fig.9. It generates the 
deformation six times larger than that of the 
conventional bubbler. More information in detail can be 
found in ref. [9]. 

PNUMATIC BICYCLE 
Although pneumatics is not suitable for the transmission 
of large amounts of power, this technology is suitable 
for the transmission of smaller amounts of power. By 
applying pneumatic transmission to bicycles, rather the 

Fig.6 Multi-room rubber tube actuator applied to 
colonoscope

13mm

16mm

5.8mm

0.5mm

0.2mm

Fig.7 Simple insertion experiment using a dummy scope 
with force gauge 

60cm
70cm

75cm

60cm
70cm

85cm

Fig.8 Experimental results of insertion force. The upper figure 
shows the force without driving the tube and the lower figure 
shows the force with driving the tube. 

Fig. 9  Deformation of tetra chamber actuator 

199 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



conventional chain transmission, two new functions 
may be realized: 54 gears and energy recovery. 

The bicycle shown in Fig.10 has two cylinders 
connected to the pedals and two cylinders connected to 
the rear wheel. The cylinders near the pedals generate 
high pressure air, which is sent to the cylinders near the 
rear wheel through pneumatic valves to drive the wheel. 
Switching the valves enables an amazing 54 gears to be 
realized. During braking, the cylinders connected to the 
rear wheel work as pumps to generate pressurized air, 
which is stored in an air tank, enabling energy recovery. 
The experiments carried out in outside fields showed 
that that the energy efficiency is about 30% on flat road 
and the variable-speed function and the energy 
regeneration function works successfully [10]. 

INTELLIGENT CYLINDER
A goal of our research is to develop intelligent actuators 
for small mechatronic systems which have 
multi-degrees of freedom of motion such as micro 
robots. 

An example of multi-DOF mechatronic systems is 
shown in Fig.11 [11, 12]. This example is developed for 
physical human-machine interface which makes the 
operators feel as if they actually touched 

three-dimensional continuous virtual objects in PC. The 
prototype shown in Fig.11 consists of thirty pneumatic 
cylinders, forming a linkage mechanism of icosahedron. 
The final goal of this research is to realize a virtual 
physical continuous object consisting of a great number 
of intelligent miniature actuators, and is expected to 
work as a pre/post processor for analysis of finite 
elements method. 

The development of intelligent actuators is one of the 
biggest key points to realize these mechatronic systems. 
The intelligent actuators for these purposes are required 
to have sensing functions of motions and forces, control 
function with local signal processing, and 
communication functions between the other actuators 
and host computer, which reduces the numbers of 
electrical/pneumatic cables. 

 Figure 12 shows an intelligent pneumatic cylinder 
developed for this pneumatic active polyhedron with 
120 degrees of freedom shown in Fig.12. The developed 
cylinder is almost same sized as conventional cylinder 
and is equipped with a micro optical encoder to detect 
position of the piston rod as shown in Fig. 12. In the 
optical encoder chip a micro LED and two pairs of 
micro optical lens and photo detector are fabricated. On 
the surface of the piston rod, 0.16mm stripe marker 

Fig.10 Prototype bicycle with pneumatic 
transmission  

Fig.13 Active polyhedron consisting of 120 
intelligent cylinders

Fig.11 Active polyhedron with 30 cylinders 
working as a physical human/machine interface 

Fig.12 Intelligent pneumatic cylinder, micro 
CPU, and encoder built in the cylinder 
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lines are fabricated with oxidization of the stainless steel 
rod surface by YAG laser marker [12,13]. 

PNEUMATIC VALVE OPERATED 
MULTIPLEX PNEUMATIC TRANSMISSION 
A new pneumatic valve for controlling pneumatic 

actuators and its operation system using air vibration in 
air supply line are newly proposed and being developed 
[14]. 

Driving mechanism of this valve and operation 
system is based on a novel idea: superimposing 
pneumatic waves into the air supply line drives any 
selected valve(s) which are connected to the air supply 
line. Each valve is designed to have different natural 
frequency to be driven and it is activated when 
pneumatic vibration at the natural frequency is applied 
to the air supply line. 

Figure 14 shows the outline of pneumatic mechanism 
to which the proposed control system and the valves are 
applied. As shown in the figure, an oscillator built in the 
air supply line gives the supply air vibration. 

Each actuator is equipped with the proposed 
pneumatic valve(s) which has a natural frequency for 
activation. Superimposing the pneumatic vibrations at 

the frequency corresponding to the natural frequency of 
its valve causes mechanical resonance of the oscillating 
bodies in the valve to drive the actuator. 

Since the superimposed pneumatic waves is 
transmitted in the air supply line as control signals and 
valve drive energy, electrical cables, which are needed 
to be connected to each valve in conventional pneumatic 
drive systems, are not needed in this system. This results 
in very simple pneumatic systems with multi-degree of 
freedom. 

Figure 15 shows a structure and working principle of 
the proposed valve. The valve has two oscillating bodies, 
m1 and m2, which have through holes for air flow, and 
are supported elastically by two springs, k1 and k2,
respectively. This mechanical system acts as a 
spring-mass vibration system. Without the pneumatic 
oscillation at the natural frequency, two bodies contact 
by the spring force and there is no air flow through the 
valve, while applying air oscillation of the natural 
frequency causes the bodies oscillate separately to cause 
air flow through the valve. 

At current, we successfully control two cylinders 
independently using this system [15]. We are now trying 
to increase the number of the controlled cylinders. 

Fig.14 Proposed control system for pneumatic mechanical systems with multi-degree of freedom

Actuator 1

Actuator 2

Actuator 3

Spring k1 Object m1 Object m2 Spring k2

Air pressure Channel Vibration 

Spring k1 Object m1 Object m2 Spring k2

Air pressure Channel Vibration 

(a) Non-resonance frequency                 (b) Resonance frequency 

Fig.15 Basic structure of the pneumatic on/off valve which is activated when the pneumatic 
vibration at the natural frequency is applied to the air supply line
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ABSTRACT 

A novel fluid power actuator called Flat Ring Tube (FRT) is introduced in this paper. The mechanism of FRT is so 
simple that it only needs a urethane flat tube and water pressure power source. No valves or switches are required. 
Applying constant water pressure results in periodic oscillation of the tube. The frequency is proportional to the flow 
rate of water and inversely proportional to the tube length. By contacting the tube with a passively supported shaft, it 
rotates due to the periodic tube oscillation. This principle can also generate the linear driving force, when FRT is 
mounted so as to kick the ground. Such kind of performance can be also expected to stimulate the blood flow rate, when 
FRT touches on the skin of the human body appropriately. The experimental results showed us the developed wearable 
massage device could effectively improve both the circulation of the blood flow and the density of oxygen in blood, 
which resulted in let the people feel more comfortable than conventional massage devices. 

KEY WORDS  

Wearable Fluid Power, Self-excited Oscillation, Massage Actuator, Water Hydraulics, Rehabilitation 

INTRODUCTION 

An actuator with the flexible structure and the pliant 
performance would be useful for the driving system 
which is assumed to come into contact with the human 
body, considering that the human muscle and the skin 
are composed of soft tissues.  To realize such kind of 
actuators, we have proposed a variety of fluid actuators 
based on a flat tube which was made of urethane with 
thermoplasticity. When the inside of the tube is 
pressurized, the cross sectional shape approaches a 
circle, while the circumference of the tube is almost 
kept constant. As a result, the tube becomes resistant to 
relatively high pressure so that large force is easy to be 
generated, even though the whole size is small. On the 

other hand, the structure piling up some tubes are 
required to increase the displacement, since that of each 
tube is small. A spiral shaped structure named Wound 
Tube Actuator and a zigzag shaped structure called 
Zigzag Tube Actuator are the examples to cope with it, 
which were designed to be applied to wearable actuators 

Figure 1 Overall view of the self-excited oscillation of 
FRT which stimulates the human skin 
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to stimulate the body motion[1-2] and rescue robots to 
go through small spaces to find survivors[3].  These 
actuators must have been operated by valves to switch 
from pressurized mode to decompressed one, which 
results in requiring at least a valve per an actuator. 
In this study, a novel type of fluid power actuator with 
no use of valve to operate will be discussed, although it 
also takes advantage of the flat tube. It is based on the 
self-exited oscillation which occurs when the flat tube 
bent in the ring shape called Flat Ring Tube is 
pressurized by tap water pressure, as shown in Fig.1. 
This phenomenon is peculiar to a flat tube, which does 
not occur in the general pipe shaped tube. The 
oscillation discussed in this paper is basically different 
from that of Collapsible Tubes studied previously [4]. 
Then in this paper, after the oscillating principal and 
condition of FRT are illustrated, a couple of useful 
applications are introduced such as a novel water 
hydraulic motor and a wearable massage device.  

BASIC PRINCIPLE 

A fluid power actuator taking advantage of novel 
phenomenon will be introduced here. It is based on a 
flat tube whose cross sectional shape is flat and is made 
of urethane, as shown in Fig.2. When the inside of a flat 
tubes is pressurized by domestic tap water pressure of 
approximately 0.2 to 0.3 [MPa], and the tube is bent in 
the round shape, then the periodic self-excited 
oscillation occurs without using any valves to switch. 
This is the phenomenon peculiar to a flat tube bent in 
this form, which we call “Flat Ring Tube”, abbreviated 
to “FRT” here. 

(a) Top view of a flat tube. 

(c) Overall view of  
Flat Ring Tube. 

(b) Side view of a flat tube. 
Figure 2 Composition of Flat Ring Tube 

The principle of the oscillation can be illustrated as 
follows. As the inside of the FRT is pressurized, it 
curves more and more and then it buckles at some point 
reaching the curvature limit. Since the fluid passage is 
perfectly cut off at buckled point, this point is pushed 
from the upstream to the downstream as the tube 
continues to be pressurized, shown in Fig.3 i) and ii). At 

the same time, a new buckled point is also generated at 
the side of upstream shown in Fig.3 iii), which slides to 
the downstream shown in Fig.3 iv). Finally, it returns to 
its original shape. This is a cycle of oscillation. 
In order to make the tube oscillate in the above way, 
there are a couple of conditions. If you replace the flat 
tube with the pipe shaped one, the above oscillation 
does not occur all, because the buckled point on the pipe 
shaped tube is difficult to slide from the upstream to the 
down stream due to the tube resistance to deform and 
the flow leak at the sides of the flat tube. In this sense, 
the above oscillation is peculiar to the flat tube.  
The experimental results showed the frequency of the 
oscillation by FRT is proportional to the flow rate, while 
it decreases as the tube becomes longer under the 
condition of the constant flow rate, shown in Fig.5. This 
is because the velocity of the buckled point is also 
proportional to the flow rate and the longer sliding 
period for a cycle is required as the tube becomes longer. 
If the tube is too short, it does not oscillate because the 
second buckled point is hard to be generated. If the tube 
is too long, it neither oscillates because the buckling 
point is not generated. Due to the same reason, the 
frequency decreases, as the tube diameter increases, as 
shown in Fig.6.     

Figure 3 Principle of oscillation by FRT 

Figure 4 A cycle of oscillation by a developed FRT 
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The experimental results in Fig.7 suggest us that there 
exists the turning point around the middle of FRT where 
the driving force direction changes inversely in both 
cases of the inner and outer touching. Furthermore, the 
fast point appears at the down stream side from the 
middle of FRT, which can be seen in any size of FRT. If 
the shaft touched from the outer side of FRT, two 
turning points appeared. In any cases, it was clear that 
there exists the optimal point in FRT to come into 
contact with the shaft to maximize the rotational speed.  

Figure 5 Experimental results of the frequency related to 
the tube length and the flow rate 

Figure 8 Application of FRT to a water hydraulic motor 

Figure 8 shows a motor taking advantage of the above 
rotating drive function of FRT. It was designed for the 
shaft to touch on FRT at the optimal point. The 
developed motor, could generate 76[kg*cm] of torque 
and was 50g in weight with extremely simple 
mechanism composed of a flat ring tube and a shaft. The 
relationship between the rotational speed and the torque 
was as shown in Fig.11. Since the rotational speed 
increases monotonously as the flow rate is gained, it can 
be also applicable for a flow meter. Particularly, the 
mechanical driving part does not come into contact with 
the fluid directly, this kind of meter is useful for 
measuring the flow of the industrial waste water, for 
example.   

Figure 6 Experimental results of the frequency related to 
the tube diameter and the flow rate 

Figure 7 Tangent velocity of the contact point on FRT 

To investigate the performance of FRT generating the 
infinite rotary motion, the tangent velocity of each 
contact point on FRT was experimentally examined by 
measuring the rotational speed of the shaft which was 
touched on FRT from both the inner side and the outer 
one. Here, the tube width and length was 9mm and 
120mm respectively, while the oscillating frequency 
was 70Hz.  

Figure 9 Relationship among the rotational speed, the 
torque and the power of the developed FRT motor. 
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APPLICATION TO A MASSAGE DEVICE Therefore, this device can be also applicable for a 
pacemaker user without any fear. At present, a wearable 
massage device is being developed which can massage 
shoulder, back and waist so as to promote the muscle 
pressure around the whole body. 

If you take advantage of this principle, it is expected to 
promote the blood flow. Then, we tried to apply it for 
massage devices, shown in Fig.7. Since it can generate 
the frequency of 0.5Hz 10Hz with soft touchiness to 
human body, it can let them feel comfortable. In 
addition to the good feeling, the muscle blood flow 
meter showed that the muscle blood flow increased at 
12% after 5 minutes massage, and that the effect of its 
increasing continues after 30 minutes, shown in Fig.8. 
The thermography also showed that the body 
temperature of the skin surface rose at 10 % after 5 
minutes massage by FRT. Unlike the conventional 
massage machine using the electricity, the FRT massage 
device does not generate the electromagnetic at all.  

Figure 13 Transient of the skin temperature while taking 
massage of the wearable type of FRT massage device. 

CONCLUSIONS 

A novel fluid power actuator called Flat Ring Tube 
(FRT) was introduced in this paper, which was 
composed of a urethane flat tube pressurized by 
domestic tap water pressure and no valves or switches 
were required. Applying constant water pressure 
resulted in periodic oscillation of the tube. The 
applications of FRT for the water hydraulic motor and 
the massage device were introduced. The experimental 
results showed us the developed wearable massage 
device could effectively improve both the circulation of 
the blood flow and the density of oxygen in blood, 
which resulted in let the people feel comfortable. 

Figure10 Massage device by the handy type of FRT 

re

Figure 11 Wearable massage device mounting two pairs 
of FRT on the jacket 
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Abstract

A unified control framework is proposed for the control of fluid powered human power amplifiers. Human
power amplifiers are mechanical tools that humans operate directly and the human force is amplified hydraulically
or pneumatically. The tool and the environment forces would therefore appear to the human as having been scaled down.
Ideally, the assistive force is transparent to the human such that the tool should feel haptically like any other passive
mechanical tool to the human. To ensure safety and coupling stability, it is helpful that the controlled human power
amplifier interacts with the human opeartor and other environments passively. In the proposed unified control framework,
the hydraulic or pneumatic actuator is controlled to interact virtually with a fictitious inertia. The control problem then
becomes one of coordinating the velocities between virtual inertia and the actuator. Both processes of augmentation
with virtual inertia, and coordination can be done passively; the latter via the energy preserving passive decomposition
approach into locked and shaped systems. The overall control system can be shown to possess the needed passivity
property. The control schemes for both the hydraulic and pneumatic cases have been experimentally implemented.

Keywords:
Passivity, coupling stability, coordination, exoskeleton, virtual system.

INTRODUCTION

Human amplifiers, extenders or exoskeleton are tools
that humans manipulate directly, but have the ability to
attenuate or amplify the apparent power that the human
exerts. By being physically connected to the task, the con-
trol is more intuitive for the human operator. In particular,
the operator controls and is informed by the machine via
physical quantities like power, forces and displacements,
as in the use of common mechanical tools such as hammer,
scissors etc. Hydraulics and pneumatics actuations have
better power densities than electromagnetic actuation.
However, we must consider the fluid compressibility and
the fact that a hydraulic actuator is mainly a velocity
source whereas an electromechanical actuator is typically
treated as a torque/force source.

The control objective is to amplify the power that
the human exerts on the machine. Since human power
amplifiers interact physically with the work environment
and the human, the interactive stability with a variety such
environments are needed to ensure safety. For this reason,
an additional requirement is that the human power am-
plifer can interact with the human operator at the handle
as well as with its physical environment in an energetic
passive manner. Since most physical environments and
human dynamics are energetically passive or can be shown
to behave nearly energetically passive, ensuring that the

human power amplifer behave passively can ensure the
system can operate stably in a many situations. Even with
active environments, infinite net external energy input is
needed to make an energetically passive human power
amplifier unstable.

The human power amplifier control problem can be
posed simplistically as a force tracking problem [1] -
i.e. the actuator force is controlled to be a scaled copy
of the applied human force. However, this requires the
use of velocity positive feedback which has a destabiliz-
ing effect in the presence of uncertainty, slow sampling
or time delay. Without the velocity positive feedback,
force tracking performance degrades especially during
free-space operation. Passivity property cannot be easily
ensured structurally.

An alternate passive control structure was proposed in
[2] for hydraulically actuated human power amplifiers.
Instead of using a force tracking paradiagm, the control
problem becomes one of coordinating the velocity of
the system with that of a fictitious passive mechanical
system that is coupled to the human power amplifier via
the measured force and the valve command input. In
essence, the velocity feedforward term is now generated
by the velocity of the fictitious mechanical system. The
control law for achieving coordination is accomplished
via a passive decomposition [3], [4], [5] into a shape

207

Proceedings of the 7th JFPS International
Symposium on Fluid Power, TOYAMA 2008

September 15-18, 2008

OS9-3

Copyright © 2008 by JFPS, ISBN 4-931070-07-X



Figure 1. 1 DOF fluid powered human power amplifier setup

and a locked system, from which a plethora of control
laws can be designed to stabilize the shape system. A
significant advantage of the control is that the passivity
property is enforced by the control structure itself, and
is therfore more robust. In this paper, we show that
this control structure can be generalized for pneumatic
systems as well.

PROBLEM FORMULATION

For simplicity, we consider only one degree of freedom
motion. Extension to fully coupled multi-DOFs dynamics
can be done but will detract from the key concept. For
each degree of freedom, the generalized inertia Mp >
0 is acted on by the generalized human input Fhuman

and environment force Fenv , as well as the hydraulic /
pneumatic actuator force Fa:

Mpẍp = Fhuman + Fenv + Fa (1)

We assume that the displacement of the human amplifier
xp is measured; and both the applied actuator force
Fa and the applied human force Fhuman are measured
by force sensors. The environment force Fenv which
includes interaction force with all environment other than
the human operator as well as friction, is not measured.
The actuator force is generated by a hydraulic/pneumatic
actuator (or motor), controlled by a four-way propor-
tional valve with a constant pressure supply. The valve
bandwidth is sufficiently high so that the valve command
corresponds statically to spool displacement. The models
for the actuator force Fa will be considered in the next
section.

It is desired that the closed loop system would enable
the human operator and the work environment to interact
via a rigid mechanical tool except that the human would
feel as if he/she is ρ + 1 times stronger. Therefore, the
target dynamics would be

MLẍp = (ρ + 1)Fhuman + Fenv (2)

Inertia

Ps T

Servo
valve

Ideal Kinematic actuator

Acap Aannulus

Equivalent
fluid spring

xp
xI

Q
Aannulus

Acap
Q

u

Figure 2. Each hydraulic actuator is modeled as an ideal kinematic
actuator and an equivalent fluid spring.

where ML is the inertia of the rigid mechanical tool,
which in the proposed control structure will be slightly
different from Mp in (1).

The human power amplifier interacts with both the
human operator and the work environment via the effort
and flow variables of (Fhuman, ẋp) and (Fenv, ẋp). To
ensure safety, it is also desired that this interaction satisfies
an energetic passivity with power scaling condition. Let
the supply rate be the sum of the mechanical power input
from the environment and the scaled mechanical power
input by the human:

Ptotal(Fhuman, Fenv, ẋp) := {(1 + ρ)Fhuman + Fenv} ẋp

(3)
The desired passivity condition is that there exists c2 ≥ 0
such that for any human and environment input Fhuman

and Fenv and for any t ≥ 0,∫ t

0

Ptotal((Fhuman, ẋp), (Fenv, ẋp))dτ ≥ −c2 (4)

This condition implies that the net amount of scaled
energy that can be extracted from the system by the
work environment and the human are limited by c2 and
c2/(1 + ρ) respectively.

MODELING OF ACTUATOR FORCE

We now model a fluid power actuator with capside and
rodside areas of A1, and A2, area ratio of r := A1/A2.
The actuator is controlled by a matched, symmetric and
critically lapped four-way valve with fast spool dynamics
so that the command input corresponds to the valve area
opening. We consider the hydraulic and the pneumatic
cases separately.

Hydraulic case

A useful way to account for the fluid compressibility in
a hydraulic actuator is to model the actuator as consisting
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of an ideal kinematic actuator (with displacement xI )
interacting with the system inertia (with displacement xp)
via an equivalent spring with a compression (Figure 2):

Δ = xI − xp (5)

The position dependent spring force Fa(xI ,Δ) encom-
passes the compressibility of the fluid in the actuator and
the fluid line, as well as other mechanical compressibility.
Inclusion of the compressibility effect is essential for
modeling the force exerted by the hydraulic actuator.

Let V1 and V2 be the chamber volumes that include
dead volumes,

V1 = V10 + A1xI = A1(L10 + xI)

V2 = V20 − A2xI = A2(L20 − xI)

Using basic bulk modulus equation, we have:

Fa(xI ,Δ) = β

(
A2

1

V1

+
A2

2

V2

)
Δ (6)

= β

(
A1

L10 + xI

+
A2

L20 − xI

)
Δ (7)

= K(xI)Δ (8)

where K(xI) is the position dependent linear spring
stiffness.

The ideal actuator speed ẋI would be the acuator
speed when compressibility is neglected. For a four-way
proportional control valve, it is related to the command u
as follows:

ẋI = γq(sgn(u), Fa)u (9)

γq(sgn(u), Fa) =

⎧⎪⎨
⎪⎩

w
A1

(
r3

r3+1

) 1

2
√

Ps − Fa/A1, u ≥ 0

w
A1

(
r2

r3+1

) 1

2
√

Ps + rFa/A1, u < 0

(10)

where γq(sgn(u), Fa) is the loaded velocity gain, Ps is
the supply pressure, and w is the area gradient.

Pneumatic case

In the pneumatic case, the definition and dynamics of xI

and of the equivalent spring are not as obvious. Suppose
that the air mass and volume (including dead volume) in
each actuator chamber are m1, V1 and m2, V2. Since

V1 = V10 + A1xp = A1(L10 + xp)

V2 = V20 − A2xp = A2(L20 − xp)

The force exerted by the actuator can be rewritten as,

Fa = P1A1 − P2A2 − Patm(A1 − A2)

= RT

[
m1A1

V1

−
m2A2

V2

]
− Patm(A1 − A2)

= RT

[
m1

L10 + xp

−
m2

L20 − xp

]
− Patm(A1 − A2)

(11)

The last term models the effect of the atmospheric pres-
sure acting on piston rod area. Define x′

I to be the actuator
position when Fa = −Patm(A1 − A2). Hence,

x′

I =
m1

m1 + m2

Lo − L10 (12)

Δ = xI − xp (13)

where Lo = L10 + L20. Let m = (m1,m2). The force
exerted by the actuator can then be written as

Fa = K̄(m, xp)(x
′

I − xp) − Patm(A1 − A2) (14)

K̄(m, xp) :=
RT (m1 + m2)

(L10 + xp)(L20 − xp)
(15)

We now define

xI := x′

I(m) −
Patm(A1 − A2)

K̄(m, xp)
(16)

Δ := xI − xp (17)

We have
Fa(m, xp) = K̄(m, xp)Δ (18)

This defines a nonlinear and air mass dependent spring
element.

For moderate actuator force, x′

I −xp is small compared
to L10 + x′

I and L20 − x′

I . Then

K(m) := K̄(m, x′

I) ≈ K̄(m, xp) (19)

Furthermore,if L10 ≈ L20, the error in the approximation
is only second order in the compression. Eq.(19) is advan-
tageous because, in the isothermal situation, xp enters only
through Δ but not the stiffness term, and xI is a function
of m only but not of xp, similar to the hydraulics case.
This assumption is made hence forth so that:

Fa(m,Δ) := K(m)Δ (20)

Δ := xI(m) − xp (21)

which is a linear spring with stiffness being dependent on
the amount of gas in the actuator chambers.

Mass flow rate through the valve to either chamber can
be obtained by modeling it as flow through converging-
diverging nozzle. Although highly nonlinear with respect
to upstream and downstream pressures, they are linear
with respect to valve opening and hence command u.
Hence, ẋI and ṁ are of the form:

ẋI = γI(sgn(u),m, Fa)u (22)

ṁ = γq(sgn(u),m, Fa)u (23)

Passivity property of hydraulic / pneumatic actuator

Consider the storage function for the hydraulic actuator,

Whyd =

∫ Δ

0

Fa(xI , σ)dσ =
1

2
K(xI)Δ

2 (24)
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Figure 3. Virtual coordination control strategy

Then,

Ẇhyd = Fa(xI ,Δ)(ẋI − ẋp) +
1

2

∂K

∂xI

Δ2ẋI (25)

= Fa(xI ,Δ)

{
−ẋp +

[
1 +

Δ

2K(xI ,Δ)

∂K

∂xI

]
ẋI

}
(26)

= Fa(xI ,Δ) {−ẋp + γ1(xI , Fa, sgn(u))u} (27)

where

γ1(xI , Fa) =

[
1 +

Δ

2K(xI ,Δ)

∂K

∂xI

]
γq(sgn(u), Fa)

Similar result is obtained for the pneumatic actuator
with the storage function given by:

Wpneu =

∫ Δ

0

Fa(m, σ)dσ =
1

2
K(m)Δ2 (28)

Then,

Ẇpneu = Fa(m,Δ)(ẋI − ẋp) +
1

2

∂K

∂m

Δ2
ṁ (29)

= Fa(m,Δ)(−ẋp +

[
∂xI

∂m

+
Δ

2K(m,Δ)

∂K

∂m

]
ṁ)

(30)

= Fa(m,Δ)(−ẋp + γ1(m, Fa, sgn(u))u) (31)

where

γ1(m, Fa, sgn(u))

=

[
∂xI

∂m

+
Δ

2K(m,Δ)

∂K

∂m

]
γq(sgn(u),m, Fa).

For either the hydraulic / pneumatic case, the compress-
ibility is shown to be a passive 2-port capacitive field
(like a spring), with a mechanical port via (Fa, ẋp) that
interacts with system inertia Mp in Eq.(1) and the valve
command port via (Fa,−γ1u).

VIRTUAL COORDINATION CONTROL
FORMULATION

With the actuator compressibility shown to be a spring
like object with one end interacting with inertia of the
machine, the approach is to so control the valve so that the
other end of the spring is interacting with a small virtual
mass which is acted upon by the desired force Fd = ρFh

101

Se : Fenv

I : Mv

Se : Fh

I : MpC : K(xI ,Δ)

uloss

R : Sq

Se : Fd

Sf : u1Se : w

ẋpẋv
Fa

Figure 4. Bond graph of hydraulic human power amplifier with a virtual
mechanical system. uloss and w are dissipative term and extra control
signal that are not considered in this paper.

(Fig. 3). If the virtual mass (Mv) and the system inertia
Mp are exactly coordinated, Mp and Mv become a single
rigid inertia which is acted upon by the desired actuator
force Fd and the human and environment forces Fh and
Fenv . We illustrate this process for the hydraulics case
only. The pneumatic case can be obtained by substituting
xI by m for the most parts.

Consider the dynamics of a virtual mass and its cou-
pling to the fluid power actuator given by:

Mvẍv = Fd − Fa(xI ,Δ)

u =
1

γ1

xv +
1

γq

u1 (32)

where Fd(t) is the desired actuator force typically given
by Fd(t) := ρFh(t). Notice that the coupling between the
virtual inertia and the human power amplifier is similar
to an integral controller (u1 = 0). u1 is the control term
that will cause coordination ẋv → ẋp.

The coupled system is given by:

Mpẍp = Fhuman + Fenv + Fa(xI ,Δ)

Mvẍv = Fd − Fa(xI ,Δ)

Δ̇ = ẋI − ẋp

ẋI =
γq

γ1

ẋv + u1

(33)

which has a bond graph representation shown in Fig. 4.
Using the storage function,

Wtotal = Whyd +
1

2
Mpẋ

2
p +

1

2
Mvẋ2

v (34)

where Whyd is the storage function for the capacitive field
in (24). From this, it can be shown that the coupled system
(33) satisfies the passivity property:∫ t

0

[Fdẋv + (Fh + Fenv)ẋp]dτ

+

∫ t

0

[
γ1

γq

Fau1 − FdvE ]dτ ≥ −c2
0

(35)

for some c0 and for all t ≥ 0. Thus, if the control terms
u1 are designed such that for some c1, and for all t ≥ 0,∫ t

0

[
γ1

γq

Fau1 − Fd(t)vE ]dτ ≤ c2
1 (36)
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where vE = ẋv−ẋp, then, for Fd(t) = ρFh(t), the human
power amplifier under control will satisfy the desired
passivity property in (4).

Coordinate transformation into locked and shape sys-
tems

To see the effect of the control u1 on the dynamically
coupled system and the coordination error, consider the
coordinate transformation:(

vL

vE

)
=

(
Mp/ML Mv/ML

1 −1

)(
ẋp

ẋv

)
(37)

ML := Mv + Mp (38)

ME :=

(
1

Mp

+
1

Mv

)
−1

=
MpMv

Mp + Mv

(39)

(vL, vE) are referred to as the locked and shape system
velocities, since vE measures the difference between the
speeds of the virtual and actuator manipulator, and vL =
ẋv = ẋp when vE = 0. Hence, vL is the speed of the
manipulator and the virtual manipulator when they are
locked in place. ML and ME are respectively the locked
system inertia, and the shape system inertia.

Eqs. (37)-(39) is an instance of decomposing the ve-
locity space of the coupled system (i.e. �2 = {(ẋp, ẋv)})
into a component given by the coordination error vE =
ẋp − ẋv and its orthogonal complement vL with respect
to diag(Mp,Mv) being the metric. This decomposition
approach can be generalized to nonlinear multi-DOF me-
chanical systems as well [3], [4], [5].

The dynamics in the transformed coordinates are given
by:

MLv̇L = Fh + Fenv + Fd (40)

ME v̇E =
Mv

ML

(Fh + Fenv) −
Mp

ML

Fd(t)︸ ︷︷ ︸
FE

+Fs(Δ) (41)

Δ̇ = −vE + u2 (42)

We can associate storage functions for the locked and
shape systems respectively as,

WL =
1

2
MLv2

L; WS =
1

2
MEv2

E +

∫ Δ

0

Fs(δ)dδ (43)

Notice that the coordinate transformation Eqs.(37)-(39)
preserves kinetic energies and storage functions in that
the sum of the kinetic energies and storage functions,
respectively, of the locked and shape systems are exactly
those of the coupled system [6]

κ :=
1

2
Mpẋ

2
p +

1

2
Mvẋ2

v =
1

2
MLv2

L +
1

2
MEv2

E (44)

Wc := WL + WS (45)

This means that by ensuring that the shape and locked
systems are passive, the coupled system in Eq.(33) will
also be passive.

Shape system control

The shape system control objective is to make vE → 0
in:

ME v̇E = FE(t) + Fa(xI ,Δ) (46)

Δ̇ = ẋI − ẋp (47)

ẋI =
γq

γ1

ẋv + u1 (48)

A variety of control algorithms can be designed for u1 to
ensure that vE → 0 exponentially. A backstepping control
law is used to obtain the experimental results in this paper.

Locked system control

If Fd := ρFh, the locked system dynamics becomes

MLv̇L = (ρ + 1)Fh + Fenv︸ ︷︷ ︸
Ftotal

(49)

which is the desired dynamics of a passive rigid mechan-
ical tool.

When vE → 0, we also have the RHS in Eq.(41) being
zero on average:

0 = FE + Fs(Δ)

0 =
Mv

ML

Ftotal + Fa(xI ,Δ) − Fd(t)

Since Ftotal is the total forcing term for the locked
system (49) scaled by Mv/ML (which is small if Mv

is small), thus unless the locked system undergoes large
acceleration, Ftotal is typically small. Therefore, we have
the original force control objective being approximately
satisfied:

Fa(xI ,Δ) ≈ Fd(t)

This is despite the specified objective (because of the
dynamics of the added Mv inertia) being a coordination
control problem.

EXPERIMENTAL RESULTS

Hydraulic case

The hydraulic human power amplifier has two DOF.
The pitch motion is actuated by a linear actuator, and
the reach motion actuated by a hydraulic motor and a
rack-and-pinion drive. The reach direction has a range of
0.4m, and a range from 40o to 90o in the pitch direction.
Load cells are used to measure force signals from the
human and the actuator, along both the directions of
motion. Experiments are performed at a supply pressure
of 6894.75N/m2. Moog series 7 servo valves are used to
control both the actuator and motor.

With a torque amplification factor of 3, force tracking
results are illustrated: when the system is suddenly loaded
with a 9.7kg block (Fig. 5) in free motion, and when it is
pushed against a rigid obstacle Fig. 6. In all cases, force
tracking results are quite reasonable.
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Figure 5. Hydraulic force tracking in free motion with load added and
removed.
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Figure 6. Hydraulic force tracking during constrained task.

Pneumatic case

The pneumatic human power amplifier is a one degree
of freedom setup consisting of a pneumatic actuator
supporting a 4kg load. The human interacts with the setup
through a load cell. The force exerted by the actuator is
determined by measuring the pressure in the chambers on
either side of the piston. The actuator has in-built position
feedback sensor which is used to determine the piston
position. All the experiments are done at a supply pressure
of 5.7 bar (gauge). A Festo 5/3 proportional servo valves
is used for controlling the air flow rate.

The amplification gain for pneumatic actuator is set at
5. Fig. 7 shows the force tracking result when moving
a load, Fig. 8 shows the force tracking results when the
actuator hits an obstacle. The system is not destabilized
by sudden contact and is quite safe to use.

CONCLUSIONS

A unified control framework hydraulic and pneumatic
human power amplifier is proposed. The control law
converts a force control objective into a coordination
control paradigm. The key aspect lies in modeling the
compressibility effect and imposing a control structure
that respects the power continuity. Experimental results

Figure 7. Pneumatic force tracking in Free motion.

Figure 8. Pneumatic force tracking during repeated hard contacts.

demonstrate the usefulness of the framework.
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Figure1 Integrated testing system for docking mechanism
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ABSTRACT 

This paper presents the research on the experimental testing system of the space docking HIL (Hardware-In-the-Loop) 
simulation, which is based on a Stewart 6-DOF (Degree-Of-Freedom) motion system. First of all, spacecraft dynamics 
is analyzed. Because of the under-damping characteristic, stability of the HIL simulation system is analyzed, and control 
strategy of the 6-DOF-motion system, which is based on the phase compensation, is put forward to improve system 
stability. The influence created by the frequency characteristics of the 6-DOF-motion system on the accuracy and 
stability of the HIL simulation system is also analyzed. The characteristics of the spacecraft dynamics and the accuracy 
and feasibility of the HIL simulation system are verified with a non-damp collision device. 

KEY WORDS  

HIL simulation, On-orbit docking, 6-DOF Stewart platform, Dynamic simulation 

INTRODUCTION 

It is great signification to research HIL (Hardware- 
In-the-Loop) simulation technique for on-orbit docking, 
because that spacecraft docking technique play very 
important role in human space program. For the docking 
mechanism is very complex and the on-orbit docking is 
a complicated dynamics process, it is necessary to 
research spacecraft on-orbit docking process dependent 
on HIL simulation. 
In 1964, Langley Research Center of American firstly 
established a docking simulator [1]; it is employed to 
test of Gemini-Agena. In March 16th, 1966, NASA 
accomplished the famous Gemini-Agena on orbit 
docking, which the first time on-orbit spacecraft 
docking activity is made by human beings. 
In 1969, Langley Research Center established another 
docking simulator[2],[3], which is employed to research 
on the complex docking process between the Lunar 
Excursion Module and Command/Service Module of 
Apollo. The docking simulator had been made use of to 
training astronauts.      
In 1971, former USSR designed a docking simulator 
that had been employed to the test of APAS-89 docking 
mechanism [4]. 
The docking simulators mentioned above are called 

physics simulation. With the development of computer 
technology, mathematics simulation and half-physics 
simulation has been played more and more important 
role in human space program. After the Apollo-13 
Disaster in 1970, American and USSR began to 
cooperation in space program, and a new docking 
mechanism called APAS-75[5] was developed. The 
composition and dynamics of APAS-75 were much 
more complex than that of the docking mechanism 
developed before. To ensure the reliability in space and 
determine the dynamic parameters of the docking 
mechanism, an integrated testing system[6],[7] for 
docking mechanism, shown in Fig.1 and Fig.2, was 
developed by the American and Russian scientists. Then 
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Figure 2 6-DOF contact dynamic simulator

Figure 3 European proximity operation simulator

Figure 4 Rendezvous and docking operation test system

the research on spacecraft docking simulation has come 
into the time of HIL simulation. Using APAS-75, 
Union-19 docking with Apollo was realized in July 17th

1975, which is the USA and USSR cooperation on-orbit 
docking for the first time. 

In 1980s, Europe Space Bureau began to research on the 
unmanned spacecraft rendezvous and docking 
technology, and a docking mechanism for unmanned 
spacecraft is developed, which would be employed in 
Eureca A docking with Eureca B, and Hermes Shuttle 
docking with Columbus Space Station. Meanwhile, the 
spacecraft docking simulator[8], shown in Fig.3, was 
also developed. In the same time, the research on the 
spacecraft rendezvous and docking technology was put 
forward in Japan, and a rendezvous and docking 
operation test system, shown in Fig.4, was developed in 
NASDA[9], and the docking mechanism was developed 
too, which is employed in the on-orbit docking of 
ETS-7 Unmanned Spacecraft. 
China began manned space program in 1992. In 2008, 
an integrated testing system for docking mechanism is 
developed by HIT and Shanghai Space Bureau. In this 
paper, firstly the compositions, and the model of system 
included dynamic model of the spacecraft are given, and 
secondly the characteristics of the system is analyzed, at 
last a simply verifying model is employed to research 
on the effect of 6-DOF Stewart platform frequency 

characteristics on the system stability and accuracy of 
the docking dynamics. 

SYSTEM DESCRIPTION 

Docking mechanisms are employed for docking a 
spacecraft with another spacecraft. The on-orbit 
spacecraft is called passive spacecraft, and its docking 
mechanism name passive docking mechanism. The 
launched spacecraft is called active spacecraft, and its 
docking mechanism called active mechanism. To 
research the docking dynamics, coordinate frames are 
defined as shown in Fig.5, which includes inertial frame 
e (O-XYZ), a moving frame e1 (O1-X1Y1Z1), a moving 
frame e2 (O2-X2Y2Z2), a moving frame e3 (O3-X3Y3Z3), 
a moving frame e4 (O4-X4Y4Z4). The Euler angles are 
defined as yaw pitch , and Yaw , then the transfer 
matrix between inertial frame and moving frame is as 
follows: 

sssccssccscs
cs-ccs

scsscsccsscc
A

(1) 
where )(sin)(s , and )(cos)(c . A generalized 
coordinate vector q is defined as: 

T,,,, ,zyxq             (2)            

where x, y, z present the varying coordinates of moving 
frame from inertial frame.   
According to Newton-Euler formula, if the mass of the 
docking mechanism is neglected, the dynamic formula 
of active spacecraft can be written as 
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Figure 5 Two On-orbit Docking Spacecraft

Figure 6 The diagram of docking dynamics
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If the active spacecraft is defined as reference, and the 
relative movement r21 between active spacecraft and 
passive spacecraft is    
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 is angular velocity in moving 

frame )(
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 is angular velocity in inertial frame
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 is angular acceleration in moving frame
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t
 is angular acceleration in inertial frame. 

Then on-orbit docking dynamics is shown in Fig.6. 
To research on the docking dynamics, a docking 
simulator is built, and the overall docking simulator 
system developed by HIT is shown in Fig.7, the system 
is consisted of the dynamic simulation software, a 
6-DOF Stewart platform, a 6-DOF force and torque 
sensor, and a docking mechanism. When the docking 
conditions that involves the relative position and 
relative velocity between active spacecraft and passive 
spacecraft are given, the passive mechanism driven by 
Stewart platform impacts the active mechanism that is 
fixed on the frame through 6-DOF force and torque 
sensor, the impacting forces and torques effects each 
other on the passive mechanism and the active 
mechanism is measured by 6-DOF force and torque 
sensor. The dynamic simulation software calculates the 
relative movement between the active spacecraft and the 
passive spacecraft according to the docking dynamics, 
the relative movement is replicated by 6-DOF Stewart 
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Figure 7 Integrated testing system

Figure 8 The Schematic diagram of the docking simulator

Figure 9 A simplified docking mechanism

Figure 10 Frequency characteristics of the Stewart 
platform 

platform. 
There are several problems for the docking simulation 
system: 

(1) Stability. For the under-damping characteristic of 
the docking mechanism, the spacecraft dynamics 
performs under-damping oscillation. Stewart platform 
has phase lag, which may result in the unstable docking 
dynamics.  

(2) Docking dynamics validation. The docking 
dynamics presented here is derived from the laws of 
physics. Where the parameter values were taken from 
design values or rough approximations of what could be 
expected in practice. The docking dynamics can be 
valuable for design and analysis of the spacecraft and 
docking mechanism. The strengths of the dynamics 
should, however, be proven by experimental validation. 

SYSTEM ANALYSIS 

The diagram of the docking simulator is shown in Fig.8, 
and its the transfer function can be written as 

)()()()()( sGsGsGsGsG TSDMI           (9) 

where GM(s) is the transfer function of docking 
mechanism, GD(s) is that of spacecraft dynamics, GS(s)
is that of Stewart platform, and GT(s) is that of other 
parts of the simulator. If the transfer functions of 
Stewart platform and other parts could be seen as 

1)()()( sGsGsG TSO           (10) 

The docking simulator may replicate the on-orbit 
docking process with no error. But in fact, Go(s) is not 
equal to 1, and as result, the docking dynamics 
replication on the docking dynamics has error. In order 
to ensure the validation of the docking dynamics 
replication on the simulator, the attention must be paid 
to the design of Go(s). Because the docking mechanism 
and docking dynamics is very complex, to simplifying 

the analysis, a simple non-damping collision-rebound 
device, shown in Fig.9 is employed to research on the 
parameters determination of Go(s).

VERIFICATION 

The simplified docking mechanism as show in Fig.9 is a 
non-damping collision-rebound oscillation system that 
is similar with the docking process, the nature frequency 
of the system is 
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Figure 11 Dynamics output without compensation

Figure 12 Dynamics output with phase compensation
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and the rebound coefficient is defined as  
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i
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where vi is input velocity, and the vo is rebound velocity. 
If the mass m1 has a muzzle velocity relative to the mass 
m2, the system will oscillation in critical state, and the 
rebound coefficient is equal to 1. To prove the validation 
of docking simulator, the simulator is employed to 
simulation the non-damping collision-rebound 
oscillation device. 
If the frequency error 

           
05.0

n

ncn
fe

            (13) 
where nc is simulation oscillation frequency, and the 
rebound coefficient error 

05.01 vcr Re                (14) 
where Rvc is simulation rebound coefficient, the validity 
of docking simulator can be verified.   

ANALYSIS AND EXPERIMENT

The 6-DOF Stewart platform frequent characteristics are 
shown in Fig. 10, which has phase lag. Without 
compensation of the phase lag of the Stewart platform, 
the outputs of non-damping collision-rebound dynamics 
simulation system are unstable as shown in Fig.11. 
A phase compensation controller of Stewart platform is 
designed as 

)(
)()(

sS
sTksD p

             (15) 

Where kp is the gain of the controller, generally, kp =1. 
With the phase compensation, the phase lag from 
Stewart platform to force sensor is zero, then the 
simulation outputs of non-damping collision-rebound 
dynamics, shown in Fig.12, is stabilized. The frequency 
of the output is greater than theory result, and the 
rebound coefficient is about 0.97. It is impossible that 
the damp of the overall system is zero, which result in 
the rebound velocity attenuation. But what causes the 
variation of the oscillation frequency? 
When the gain kp of the controller D(s) is decreased, i.e. 
kp<1, the experiment results is shown in Fig.13, the 
frequency of the output becomes smaller. 
When the gain kp is increased, i.e. kp >1, the experiment 
results is shown in Fig.14, the frequency of the output 
becomes much greater. 
From analysis above, it is known that the frequent 
characteristic of the Stewart platform has great effect on 
the replicating accuracy of the docking dynamics. The 

phase lag of the transfer function may cause the docking 
simulator unstable, and the gain may change the nature 
frequency of the docking dynamics. 

CONCLUSIONS

The docking simulator can be employed to analysis the 
on-orbit docking dynamics. For the complexity of the 
docking mechanism, it is difficult to analytically 
research on the docking dynamics, consequently, 
experiment research can play important pole on the 
research job. Then the on-orbit docking simulator is 
established to carry out the experiment research on 
docking dynamics. To simplify the research work, and 
do not lost the generality, a non-damping 
collision-rebound device that its characteristics is 
known analytically is employed to verify the validation 
of the docking simulator. Apart from the stability, two 
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Figure 13 Dynamics output with phase compensation with greater gain 

Figure 14 Dynamics output with phase compensation with less gain

other validation indexes are introduced, one is the 
frequency error, and another one is rebound coefficient. 
The 6-DOF Stewart platform is used of to replicate the 
relative movement of the spacecrafts. From the 
experiment research, it’s known that the frequent 
characteristic of the Stewart platform has great effect on 
performances of the docking simulator, its phase lag has 
influence on the stability of the simulator, which will 
cause the docking dynamics unstable, and its gain may 
effect on the nature frequency of the docking dynamics. 
To ensure the validation of research work, a phase 
compensation controller on Stewart platform is designed. 
With the controller, the phase lag and the gain of the 
Stewart platform frequent characteristic is corrected, 
and the docking dynamics is well replicated 
consequently. 
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ABSTRACT 

For most of the microelectronics industry history, optical lithography has been the backbone for continuing the trend of 
making features even smaller. The intention of immersion lithography is to increase the index of refraction in the space 
between the lens and wafer by introducing a high refractive index liquid in place of the low refractive index air that 
currently fills the gap. Because the liquid acts as a lens component during scan-step process, it must maintain a high and 
uniform optical quality. Thus, an immersion unit structure must be implemented to keep the flow field from leaking. 
After analyzing the mechanics of the flow-field in immersion lithography, an immersion unit structure with double 
gas-curtain sealing and gas-fluid mixing phase collecting was designed and implemented, featuring chemical surface 
characteristics. Experimental results were analyzed in terms of vacuum degree in collection antrum, input pressure for 
gas sealing, bubble-trap within flow field, double gas-curtain, double mixing-phase collection, surface characteristics of 
wafer.  

KEYWORDS 

Immersion lithography, Immersion unit, Gas sealing 

INTRODUCTION

For most of the microelectronics industry history, optical 
lithography has been the backbone for continuing the 
trend of making features even smaller. However, as the 
apparent inability of optical lithography for future 
requirements, technology evolution to next-generation 
lithography (NGL) was becoming necessary.  
Among all of the competing NGL technologies, 

Immersion lithography has been proposed in the past as a 
method to improve the resolution of optical lithography, 
but more recently it has been gaining popularity due its 
potential for achieving resolution down to 50 nm and 
below. It has shown promise as a technology extending 
optical lithography without significant changes to the 
manufacturing infrastructure used for decades [1, 2, 3].  
The intention of immersion lithography is to increase the 
index of refraction in the space between the lens and 
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wafer by introducing a high refractive index liquid in 
place of the low refractive index air that currently fills the 
gap. Because the liquid acts as a lens component during 
scan-step process, it must maintain a high and uniform 
optical quality. Thus, an immersion unit structure must be 
implemented to keep the flow field from leaking. Also, 
the immersion liquid within the gap has to be updated as 
substances unwrapped from chemical reacting may affect 
the optical quality of the liquid  

IMMERSION UNIT MAIN STRUCTURE 

Four generations of immersion unit structure have been 
developed up to present. 
For the first generation of immersion unit, a basic 
liquid-transportation concept with double gas-curtain 
sealing and gas-fluid mixing phase collecting was 
designed and implemented 
Improved porous medium processing was introduced for 
second generation, which has shown better performance 
with less vibration during gas-liquid phase mixing in 
liquid collection. 
As for immersion unit generation three, continuous air 
sealing curtain along circumference direction within 
working area was implemented, providing enhanced air 
sealing performance, requiring smaller structure volume 
and less pressured air. 
With inherited advantages from parental generation, No.4 
generation of immersion unit was designed and 
implemented, aiming at integrated within an experiment 
platform for lithography scan-step moving and exposing. 

Figure 1 Generation one of immersion unit. 

Figure 2 Generation tow of immersion unit. 

Figure 3 Generation three of immersion unit. 

Figure 4 Generation four of immersion unit. 

A schematic of the immersion unit implementation model 
is shown in Figure 5. Down-top and cross-sectional views 
of the lens/unit/gap/wafer system are illustrated [4].   

Figure 5 Schematic of the immersion unit structure 

implemented.

The immersion fluid is continuously injected through 
dispense ports that are located adjacent to the lens. Then 
the liquid is collected and removed from the wafer surface 
through collection ports that are located outboard of the 
dispense ports. Within the recovery channels, the porous 
media are applied to suppress vibration brought up by 
liquid/gas mixing phase collection. Certain negative 
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pressure is provided within collection antrum, leading 
fluid pass under the lens. The wafer motion is oscillatory 
and characterized by velocities as high as 200 mm/s and 
accelerations as high as twice the acceleration of gravity, 
which will also improving the liquid motion and 
collection.

VACUUM DEGREE IN COLLECTION ANTRUM 

Negative pressure is provided within the collection 
antrum for recovering immersion liquid from wafer 
surface. The proper vacuum degree is significant for flow 
field’s completeness and non- leakiness. The classic 
gauge pressure is -25kPa corresponding to the classic 
liquid pumping pressure of 6kPa. Figure 6 illustrates the 
gauge pressure in collection antrum rise as a function of 
the liquid with different injecting pressure.  
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Figure 6 Collection antrum gauge pressure rise as a function of 

the liquid with different injecting pressure. 

In terms of a specific liquid injecting pressure, the 
vacuum degree has a range of proper values. With the 
vacuum degree values lower than the range, recovering 
system will not be able to collect all the immersion liquid, 
leading to leakiness outboard immersion unit working 
area on the wafer. However, with the vacuum degree 
higher than the range, liquid from dispense ports will not 
be able to fill the gap flow field completely, destroying 
liquid phase continuity beneath the lens area. Experiment 
shows that increase the annular collection area offers 
wider range of vacuum degree acceptance region. 

GAS SEALING PRESSURE 

The wafer motion is oscillatory and characterized by 
velocities as high as 200 mm/s, and the immersion liquid 
leakiness is likely to occur as such relative motion 
between the contact line and the substrate. For higher 
scanning process speed, increasing the gas sealing 
pressure could maintain the intact gap flow field and 
avoid liquid leaking. Figure 7 illustrates the safe region 
with scanning speed rise as a function of gas sealing input 
pressure. 

HYDROPHILIC AND HYDROPHOBIC 
SUBSTRATE 

Wafers with different coating types are tested in scanning 
speed tolerance and vacuum degree threshold experiments. 
Figure 7 shows curves of acceptable scanning speeds as a 
function of gas sealing input pressure, with the substrate 
coating of titanium dioxide, silicon dioxide, and 
magnesium fluoride separately.  

0 10 20 30 40 50 60 70 80
0

50

100

150

200

250

300

350

400

Sc
an

ni
ng

 s
pe

ed
 th

re
sh

ol
d 

(m
m

/s
)

Gas sealing input pressure (kPa)

 Silicon dioxide
 Magnesium fluoride
 Titanium dioxide

Figure 7 Acceptable scanning speeds as a function of gas sealing 

input pressure, with the substrate coating of titanium dioxide, 

silicon dioxide, and magnesium fluoride separately. 

Titanium dioxide is extremely hydrophilic with a contact 
angle less than 10 degree, while magnesium fluoride is 
hydrophobic with a contact angle larger than 170 degree, 
and silicon dioxide coating in the middle of the range. 
Apparently, for an immersion unit structure with double 
gas-curtain sealing and gas-fluid mixing phase collecting, 
hydrophilic wafer surface supports higher speed threshold 
before gap flow field leaking. 
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VELOCITY DISTRIBUTION 

The flow field velocity contours are investigated, by 
computational fluid dynamics modeling, which are 
annulated around within the gap flow field beneath the 
lens area with double dispense ports. Through high speed 
camera sampling random particles’ position at particular 
interval, velocity magnitudes are calculated and gathered, 
as illustrated in Figure 8. The overall velocity distribution 
slightly goes up as liquid injecting pressure increases. 
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Figure 8 Random sample points velocity distribution as a 

function of point’s center distance beneath lens area under 

different liquid injection pressure. 

SUMMARY AND CONCLUSIONS 

In this paper, the results of experiments on an immersion 
unit have been presented. Parametric studies have been 
carried out that analyze the important factors for improve 
the immersion unit working performance in terms of 
scanning speed tolerance and velocity distribution, 
including vacuum degree in collection antrum, input 
pressure for gas sealing, surface characteristics of wafer. 
Gas sealing pressures and vacuum degree in collection 
antrum that correspond to various liquid dispense pressure 
have been identified. Velocity distributions beneath lens 
area have also presented.  
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ABSTRACT 

The paper focuses on the modeling of heat transfer in pneumatic systems. The main aim of this work is to represent these 
phenomena during the charge or the discharge of a tank for complex circuit simulation or for the identification of 
instantaneous mass flow rate. 
In the first part, a macroscopic model will be proposed. It is based on the dimensional analysis theory. This approach 
enables the main heat transfer mechanisms to be identified according to flow conditions, pressure levels and tank shape. A 
relation between the corresponding dimensionless groups is then used to develop a general model for computing the heat 
exchange coefficient according to the system state and geometry. The identification procedure is presented and the first 
simulation results show good agreement between experimentation and theory. 

KEY WORDS  

Pneumatic systems, orifice modeling, thermal exchange model, identification procedures, experimentation 

NOMENCLATURE 

Physical constants 
g : acceleration of gravity [9.81 2/m s ]
cv : specific heat at constant volume [717 /( . )J kg K ]
cp : specific heat at constant pressure [1004 /( )J kgK ]
r : gas constant [287 /( . )J kg K ]
γ : ratio of specific heat [1.4]

Physical parameters 
b : critical pressure ratio
C : sonic conductance [ 3 /( . )m Pa s ]
D : characteristic diameter [ m ]
k : conductivity [ /W m ]
m : mass [ kg ]
n : polytropic index
P : static pressure [barA ]

Q :  heat [ J ]
qm :  mass flow rate [ /kg s ]
S  :  surface of heat exchange [ 2m ]
T  :  static temperature [ K ]
U  :  internal energy [ /J kg ]
V  :  volume of the tank [ 3m ]
δ1, δ2, ζ, ζ':   heat exchange parameters
λ : heat exchange coefficient [ 2/ /W m K ]
μ :  viscosity [ /( . )kg m s ]
ρ :  density [ 3/kg m ]

Dimensionless groups 
Nu : Nusselt number
Gr : Grashof number
Pr : Prandtl number
Ra : Rayleigh number 
Re : Reynolds number
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Exponents and indices 
d : downstream
ext : environnement
in : inlet
out : outlet
ref : reference value
u : upstream
V : tank
W : wall of the tank

INTRODUCTION 

In pneumatic systems, temperature is a critical variable 
when modeling or characterizing pneumatic systems. It 
influences not only the fluid properties but also the 
system performances. It can be an important value to 
predict the dynamic behavior of a system or to determine 
the sizing of components such as compressor, cylinder 
chambers, tanks, etc. However it is still difficult to 
directly measure it in transient conditions. Indeed, 
thermocouples do not enable measurements at high 
frequencies due to their high time constant. Moreover, its 
measurement is punctual while a macroscopic model 
focuses rather on the equivalent homogeneous 
temperature than on its spatial distribution. This leads to 
many difficulties at the modeling stage and at the model 
validation or experimental phases. The study of an 
accurate macroscopic thermal model for a tank 
constitutes the main purpose of the proposed paper. 
There are here two modeling objectives. The first one 
aims at implementing a model, which can be used to 
identified the mass flow rate characteristic according to 
the new proposal for characterizing orifices in transient 
conditions [1], but using standard tanks [2]. The second 
one is the simulation of complex circuits such as braking 
systems for railway or heavy vehicles, for which the 
sizing of energy storages (tanks) are depending on 
official safety requirements. The presented work 
investigates the discharge of a tank, and tries to analyze 
the heat transfer problem. As the success of our first 
objective is conditioning the applicability of the 
development to simulation of complex pneumatic 
circuits, the paper focuses mainly on the modelling of the 
temperature transient in a conventional tank during 
charge or discharge (Fig 1). The dynamic behaviour 
during the discharge process is then given by (3). 

out
hq out

mq= outh⋅out
hq out

mq= outh⋅out
hq out

mq= outh⋅

Figure 1: Charge or discharge process in a tank. 

During the last decade, a method for characterizing the 
instantaneous mass flow rate of pneumatic components 
was developed by the Tokyo Institute of Technology and 
is based on the charge or discharge of a tank. In 1996, 
Kagawa and Kawashima [3] used an "isothermal" tank to 
identify the mass flow rate through an orifice, assuming 
the temperature variations are small and the mass flow 
the same anywhere in the circuit [4]. This method is the 
basis of the Japanese Standard (JISB8390) [5]. Assuming 
an isothermal process, the mass flow rate is directly 
given by the measurement of the pressure and its 
derivative according to (1). 

out

v
m

v

dPVq
r T dtγ

= −  (1) 

This interesting approach was then extended first to 
identify the mass flow rate characteristic of a servovalve 
in the frequency domain [6], second to introduce 
correction terms considering the influence of the circuit 
between the tank and the component to be characterized 
[7], and third to analyze the influence of a temperature 
correction term [8]. In fact, for an "isothermal" tank, the 
process cannot be exactly isothermal if the pressure 
gradient is over a certain value (about 1 /bar s ). Due to 
this condition, the isothermal tank still shows some 
limitations but when the size is well-adapted to the 
circuit, it can efficiently be used for component 
characterization and as a mass flow generator [1]. 
These works show also that for conventional tanks the 
modelling of the heat exchange is essential in order to 
reach a good precision when identifying the mass flow 
rate characteristic of a component [9]. Polytropic models 
(2) and models with a constant heat exchange coefficient 
(4) do not enable the required precision to be reached.  

( ) ( )out

v
m

v

dPVq
rn t T t dt

= −  (2) 

Up to now, only a few works have tried to use 
conventional tanks for identifying mass flow 
characteristics. For example in 1989, assuming that the 
process is isentropic for very fast discharge, Wencan and 
de Las Hers proposed a first method [10, 11] but these 
approaches are only usable in sonic conditions. 
Benchabane was the first in 1994 to develop such a 
method [12]. His work constitutes the basis of a French 
standard NF E49-300 [13]. In this case, the polytropic 
index n is adjusted according to the temperature 
measured in the tank at any time. There were here 
important limitations due to the size of the tank in order 
to reach slow transient conditions and the need to equip 
the tank with a fan air for temperature homogeneity. In 
2004, Kuroshita [14] defined a method still using the 
temperature measurement in the tank but enabling to 
adjust the polytropic index from the initial and final 
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values of the temperature.  
However, all these approaches show some drawbacks 
such as the validation of the assumptions and their 
sensitivity to flow conditions. Figure 2 shows clearly the 
difficulty. It plots the instantaneous polytropic index and 
the heat exchange coefficient according to time during 
the discharge of a tank through the same circuit but 
starting from different initial pressures. Therefore it 
justifies the development presented here that uses a 
physical approach to properly model the heat exchange 
phenomena. 
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Figure 2: Polytropic index and heat exchange coefficient 
for different initial pressures in a discharge process. 

In the first part, a macroscopic model will be proposed. It 
is based on the dimensional analysis theory. This 
approach enables the main heat transfer mechanisms to 
be identified according to flow conditions, pressure 
levels and tank shape. A relation between the 
corresponding dimensionless groups is then used to 
develop a general model for computing the heat 
exchange coefficient according to the system state and 
geometry. The identification procedure is presented and 
the first simulation results are compared with 
experimentation. 

THERMAL EXCHANGE MODELING 

Considering the discharge of a tank (Fig.1), if the 
chamber volume is large enough, the kinetic energy of 
the fluid in the chamber can be neglected. The mass 
conservation law and the energy conservation law enable 
the complete description of the dynamic behaviour of the 
gas in the chamber. Considering the heat exchanged with 
the environment, without any mechanical work, the first 
law of the thermodynamics can be applied to this opened 
system. With the hypothesis of a perfect gas, and 
assuming that, at any time, the pressure VP , the 
temperature VT  and the density Vρ  of the gas are uniform 
in the chamber and equal to their mean value according 
to space, the state model of the system can be described 
by (3) using pressure and temperature in the volume as 
state variables. 
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1

out
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V V
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γ δ
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−
= − +
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Figure 3: Thermal exchange between tank and gas. 

Generally, 3 types of heat transfer are considered [15]: 
radiation: the transfer of thermal energy is due to 
absorption or emission of electromagnetic radiation 
(it is the only mechanism without a material 
medium); 
conduction: the heat transfer is due to molecular 
movement inside the medium; 
convection: the heat transfer occurs between a solid 
and a fluid in association with mass transfer. 

It is thus necessary to study more precisely the heat 
exchanges taking place between the gas in the tank and 
the environment (Fig.3). Classical hypotheses used in 
pneumatic chambers rely on the assumption that the 
thermal conductivity and the heat capacity of the wall 
material are sufficiently large compared with those of air, 
the wall temperature is therefore considered as a constant 
and the heat exchanged (4) can be described by a 
convection heat transfer model expressed by the 
Newton's Law using a convection coefficient λ .

( )V W
V

Q S T T
dt

δ λ= −  (4) 
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Benchabane [12] and Det [16] have tried different 
approaches to obtain an evaluation of the heat exchange 
coefficient λ  according to flow conditions. For example, 
Det used the Eichelberg's model (5) [17], but this 
improves only slightly the precision and requires a 
calibration procedure for each circuit. 

ref V V
ref ref

V V

P T
P T

λ λ=  (5) 

CONVECTION PHENOMENA 

The convection can be split in two phenomena according 
to the phenomena influencing mass transfer: 

natural convection: it occurs when the mass transfer 
is due to a temperature gradient; 
forced convection: the mass transfer is here imposed 
by a difference of pressure. 

The dimensional analysis is used at the mascroscopic 
scale for modelling physical phenomena depending from 
several variables. For convection, it is shown that 3 
dimensionless groups are required: Nusselt (Nu), Prandtl 
(Pr) and Grashof (Gr) numbers. According to the 
Buckingham's theorem [18], the relation between these 
groups is then given by (6): 

1 2Nu Gr Prδ δζ=  (6) 

The parameters 1 2,  and ζ δ δ  are constants that can be 
obtained experimentally by varying characteristic values 
of the dimensionless groups defined as follows (7), (8), 
and (9): 

DNu
k

λ=  (7) 

( ) 3 2

2 2 3
W V V

V

T T D P
Gr g

r Tμ
−

=  (8) 

pc
Pr

k
μ

=  (9) 

( )2/dr Gr Re=  (10) 

aR GrPr=  (11) 

The main advantage of this approach relies on the 
physical interpretation of the phenomena that are 
associated to the dimensionless groups [15]: 

the Nusselt number corresponds to the ratio between 
the heat power exchanged by convection and 
conduction; 
the Prandtl number characterizes the velocity 
distribution versus the temperature distribution; 
the Grashof number is the ratio between the product 
of Archimedes and inertial force, and viscous forces. 

Combining these dimensionless groups, the main heat 
exchange mechanism can be determined: 

the ratio 
dr (10) is used to determine the type of 

convection phenomena: 

• if 
dr  «1, natural convection can be neglected, 

• if 
dr  » 1, forced convection can be neglected, 

• if 
dr  1, both phenomena have about the same 

magnitude, it is called mixed convection. 
the Rayleigh number (eq.11) is also used for natural 
convection modelling in order to determine the 
transition between laminar (Ra <106) and turbulent 
convection (Ra > 1010).

In the case of the mass flow rate characterization [2] of a 
component by discharge of a tank (Fig.4), the heat 
exchange is essentially due to laminar natural convection 
because the flow velocity is low inside the tank (small Re
number). Note that mixed convection may occur in 
specific conditions such as high initial pressure, high 
component sonic conductance, or small tank volume. 
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Fast on/off 
valve

Tank

qm
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Fast on/off 
valve

Tank

qm

Figure 4: Experimental bench for mass flow rate 
characterization using tank discharge. 

IDENTIFICATION OF CONVECTION 
COEFFICIENTS 

The experimental bench (Fig.4) is used here for 
characterizing the heat exchange phenomena. The 
discharge of the tank is realized through a component 
with a known mass flow rate characteristic obtained from 
a direct mass flow rate measurement according to 
ISO6358:89 [19]. According to (12), deduced from (3), 
measuring the pressure and the temperature in the tank 
during the discharge allows the computation of the heat 
transfer. The instantaneous heat exchange coefficient λ
is then computed from (13). Median filtering and under 
sampling is applied to pressure measurement before 
differentiation, and the temperature is obtain from partial 
discharges of the same circuit according to the stop 
method introduced by Kawashima [4]. 

( ),
1 out

V
p V V Vm

V

dPQ V c T q P T
dt dt

δ
γ

= +
−

 (12) 

( )
V

V W

Q
dt

S T T

δ

λ =
−

 (13) 

The experimental results presented in the paper 
correspond to the discharge of a 45 tank through a 
component with a critical pressure ratio 0.41b = and a 
sonic conductance 83.3910 /( . )C kg Pa s−= .
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Figure 5: Pressure and temperature during the tank 
discharge. 
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Figure 6: Heat exchange coefficient during tank 
discharge. 

From the experimental data (Fig.5), the dimensionless 
groups (Nu, Gr, Pr, and Ra) can now be computed. 
Because the air viscosity shows low variations in the 
range of temperature observed in this kind of application, 
the Prandtl number can be considered as constant 
( 0.715Pr ≈ ) and according to (14) deduced from (6), the 
parameters 

1δ  and ζ ′  can be identified. 

( ) ( ) ( )1ln ln lnNu Grζ δ′= +  (14) 
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Figure 7: Nusselt number according to Grashof number. 

Figure 7 presents the results obtained for several initial 
pressures. They show clearly two domains. When the 

discharge starts, complex transitory phenomena occur for 
a few seconds (A), and the proposed approach can not be 
applied. However in zone (B), the results are in good 
agreement with (14) and this part is used to identify the 
parameters 1δ  and ζ ′  of relation (6). 

VALIDATION AND MODEL ANALYSIS 

The simulation model of the tank is consequently given 
by (15): 
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Figure 8: Simulation vs. experimentation when the initial 
transitory effect is neglected. 
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Figure 9: Simulation vs. experimentation when the 
component is changed. 
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Figure 10: Simulation vs. experimentation when the tank 
volume is changed. 
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The simulation model is firstly validated for the same 
circuit as previously using the heat exchange parameters 
obtained from zone (B). Figure 8 shows a good 
agreement with experimental results. The modeling error 
resulting from the approximation of the heat exchange 
parameter when the discharge starts, has a low influence 
on the representation of the temperature and pressure 
change during the whole discharge.  
Finally, if circuit (component) or tank is changed, the 
results (Fig.9 and 10) from the simulation model are still 
in good agreement with experimental data. 

CONCLUSION 

This paper has proposed a physical approach for 
modeling heat transfer phenomena during the discharge 
of a tank. The model is based on dimensional analysis. 
This approach allows firstly the main thermal effect to be 
characterized and the heat exchange parameters to be 
identified from experimentation.  
However the simulation results presented here are only 
given for a single tank, the modeling approach has been 
extended to other tanks using a shape factor ξ  that 
modify the effective heat exchange area S  in order to 
take into account the tank shape changes (for example 
the ratio between tank length and diameter). Moreover a 
forced convection model has been now developed to 
reach a better approximation of the global convection 
phenomena (mixed convection) that are observed for 
high flow rate and pressure level. 
One of the main advantages of this modeling approach is 
that it allows a proper evaluation of the heat exchange 
coefficient according to different factors such as pressure, 
temperature, flow conditions and tank shape. 
Further works rely now on a rigorous model validation in 
order to verify the shape factor ξ  and to evaluate the 
influence of other parameters such as tank material 
(conduction) and painting (radiation). 
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ABSTRACT 

In the paper, a low friction pneumatic cylinder and a sliding table, and both of them are embedded with aerostatic 
bearings are designed. A low friction pneumatic table is constructed by combining the pneumatic cylinder and the 
sliding table. The characteristics for the friction force versus velocity of the pneumatic cylinder and the pneumatic table 
are measured. Moreover, a hybrid self-tuning fuzzy sliding mode controller with dead zone and load compensation is 
designed to precisely control the position of the pneumatic table. The experimental results have shown that the 
pneumatic table has positioning accuracy of 20 nm, the resolution of the pulse scale. 

KEY WORDS  

Nanometer Positioning, Pneumatic Table, Aerostatic Bearing 

INTRODUCTION 

The development of the modern industry such as the 
semiconductor, communication and bio- medicine 
technology leads to the extensive study on the 
ultra-precision measurement and positioning technology 
of nanometer classes. Low friction elements and 
suitable control strategies are needed to be designed and 
developed to lower the friction force and thus to obtain 
better positioning accuracy. Compared to the hydraulic 
and electric driving system, the pneumatic driving 
system has the following advantages: low cost, clean, 
and easy in power transfer; therefore it can be applied in 
many industries. However, because of the 
compressibility and leakage of the air, the friction force, 
and the load disturbance, the pneumatic system is time 
variant and highly nonlinear [1-2]. Moreover, the 

difficulty of the cylinder position control is mainly 
caused by the friction force between the cylinder and 
the piston as well as the stick slip effect phenomenon 
during the motion control of the pneumatic 
cylinder[3-4]. Recently, various nonlinearity 
compensation strategies such as dithering compensation 
and friction force compensation have been analyzed and 
designed according to the nonlinear characteristics of 
pneumatic components to overcome the nonlinear 
effects and thus to get a higher positioning accuracy. In 
the articles [5-7], the effective friction compensation 
methods are introduced and combined with the designed 
control approaches. Besides, the low friction force 
actuator is developed to reduce the system friction force. 
The friction force can be further reduced through the 
installation of the aerostatic bearings in the pneumatic 
cylinder. Because there are thus no seals in this 
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pneumatic actuator, the actuator becomes a low friction 
actuator. The compressed air flows to the small gap 
between the bearing and the sliding guide, and the 
cylinder can thus float around the air film and on the 
guide surface of the table. Due to the air film between 
the bearing and the sliding guide, the relative motion is 
almost free of friction. Moreover, because the air is used 
as the medium, it can be applied at very high or very 
low temperature environment. In the paper, the 
pneumatic cylinder and the sliding table embedded with 
aerostatic bearing are designed. Besides, a hybrid 
nonlinear self-tuning fuzzy sliding mode controller with 
deadzone and load compensation is designed for the 
system. The experimental results show that the 
nanometer accuracy control is successfully completed. 
.

DESIGN OF A PNEUMATIC CYLINDER 
EMBEDDED WITH AEROSTATIC BEARINGS 

AND FRICTION MEASUREMENT 
ILLUSTRATIONS 

The scheme of the designed pneumatic cylinder 
embedded with aerostatic bearings is shown in Figure 1. 
The air gap is found between the cylinder block and the 
piston, as well as between the piston rod and the right- 
and left- end covers of the cylinder. If the compressed 
air is supplied, the pneumatic piston rod and the piston 
tend to float in the air. The friction force becomes very 
small because there is not any contact between the 
cylinder and the piston rod.  

Air gap

Aerostatic
bearing

Aerostatic
bearing

Aerostatic
bearing

Compressed
air

A

A

Compressed air Compressed air

Figure 1 Scheme of the pneumatic cylinder embedded 
with aerostatic bearings. 

Figure 2 shows the scheme of the measurement for the 
friction force of the pneumatic cylinder embedded with 
the aerostatic bearing. The compressed air flows 
through the pipes and the servo valve, and then flows 
into the pneumatic cylinder to drive the table, which is 
supported and guided by eight pieces of round aerostatic 
bearing pads. Moreover, a hydraulic cylinder is 
connected to this pneumatic cylinder to stabilize the 
motion of the pneumatic cylinder. The pulse scale is 
used to measure the position and the velocity by 
differentiating the position signals. The load cell is 
connected to the two pneumatic cylinders to indicate the 
friction force of the cylinder during motion. Figure 3 
shows the experimental results of the relationship of the 

friction force versus the moving velocity of the cylinder. 
The friction force is found to be a function of the 
compressed air pressure. One can see that the static 
friction force at pressure 2, 3 and 4 bar are found to be 
0.5 N, 1.0 N and 1.2 N, respectively. Generally, the 
friction forces of the aerostatic bearing cylinders are 
very small, and the difference between the static and 
dynamic friction forces is also very small. In this figure, 
the differences between the static and dynamic friction 
forces are in the range between 0.3N and 0.5 N. 

Microcomputer

Decoder

Servo valve

Interface
card

Load cell

Pneumatic
cylinder

Pressure
regulator

valve

Pressure
regulator

valve

Air units (F.R.L.Unit)

Hydraulic Speed Controllers

Pulse scale

Pneumatic
cylinder

embedded
aerostatic
bearing

Figure 2 Scheme of friction force measurement. 

1 2 53 4-4 0-1-3 -2-5

Ps=2bar
Ps=3bar
Ps=4bar

-1.4

-0.9

-0.4

0.1

0.6

1.1

Fr
ic

tio
n 

fo
rc

e 
(N

)

Velocity (mm/sec)
Figure 3 Friction force vs. velocity for a pneumatic 

cylinder with aerostatic bearing. 

CONSTRUCTION OF A LOW FRICTION 
PNEUMATIC SERVO TABLE EMBEDDED WITH 
AEROSTATIC BEARINGS PADS AND FRICTION 

MEASUREMENT

A low friction table driven by the pneumatic cylinder 
embedded with the aerostatic bearing is constructed. 
Figure 4(a) shows the structure of the table. Four pieces 
of round aerostatic bearing pads are installed to support 
the weight of the table in order that the table can be 
floated and moved along the guide of the base seat. 
Another 4 pieces of the round aerostatic bearing pads 
are installed at the two sides of the base seats to ensure 
the table sliding in the fitted direction. Figure 4(b) is the 
photograph of the constructed table. 
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Figure 4 Structure and photograph of the pneumatic 
table embedded with aerostatic bearings and pads. 

Figure 5 shows the scheme of the friction force 
measurement of the table driven by the aerostatic 
bearing cylinder. The load cell is installed to measure 
the friction force. The pulse scale is used to measure the 
displacement and the velocity signal is obtained by the 
differentiation of the displacement. The pressure of the 
compressed air is 3 bar and the supply compressed air of 
the aerostatic bearing pad is 6 bar. The friction force 
versus the velocity is measured and shown in the Fig. 6. 
The maximum static friction force is about 3.144 N and 
the smallest dynamic friction force is 2.019 N. When the 
velocity of the cylinder is larger than 1.4 mm/sec, it is 
found that the friction force keeps almost the same. The 
viscous friction force tends to be constant even when 
the velocity is further increased to be 5 mm/sec. 

PRECISE POSITION CONTROL OF THE 
PNEUMATIC TABLE EMBEDDED WITH 

AEROSTATIC BEARINGS 

The scheme of the position control system of the low 
friction pneumatic driven servo table is shown in Figure 
7. The actuator is the low friction pneumatic servo 
cylinder, and the table is guided by the round aerostatic 
bearings. The position is measured by a pulse scale with 
a resolution of 20 nm. 
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Figure 5 Scheme for measuring friction force vs. 
velocity of the table. 
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Figure 6 Friction force vs. velocity of the pneumatic 
cylinder driven table. 
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Figure 7 Scheme of the low friction pneumatic servo 
table. 

Considering the nonlinear characteristic of the air flow 
through the servo valve and the compressibility of air, 
one knows that the system highly nonlinear and time 
variant.  It is a great challenge for many researchers 
who have designed various nonlinear compensators to 
raise the accuracy of position control. In the paper, a 
self-tuning fuzzy sliding mode nonlinear controller 
compensated with the dead zone of valve and the 
variable load has been designed and implemented in the 
system to control the position of the table. The block 
diagram of the system is shown in Figure 8. 
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Figure 8 Block diagram of the pneumatic servo control 
system. 

In the paper, a hybrid controller consisting of a 
hyperbolic tangent function and a self-tuning fuzzy 
sliding mode controller is designed to control the 
pneumatic table. One of them acts as a ‘coarse’ 
controller while the other acts as a ‘fine’ controller. A 
switching logic is applied to shift the control algorithm 
according to the error variable. The variable E1
represents the boundary values of two mode control and 
e(k) is the position error. The choice of the value E1 is
according to the requirement of the rise time and the 
limit of overshooting. If |e(k)|� E1, the positioning 
system performs speedily with its control signal 
designed by hyperbolic tangent algorithm at the start of 
control process. The positioning process tends to be 
decelerated near the boundary point. The algorithm of 
control signal in this stage is given by: 

))(tanh())(( kekkefu ub , (1) 

where uk  is the proportional gain and ø is the value of 
boundary layer. The proportional gain uk is set to decide 
the response speed of the system at the start of control 
process. Increasing uk , the transient response can be 
accelerated but the undesired overshoot will also happen. 
Because of the above reason, the value of boundary 
layer ø is designed to execute the deceleration task for 
the control system when the system is near the boundary 
point E1 so that the control system can smoothly go into 
the region of fine tuning and can avoid the appearance 
of overshoot.  
As |e(k)|< E1, the switching logic is to shift the control 
algorithm and the self-tuning fuzzy sliding mode 
controller (SFSMC) is designed to execute the fine 
positioning control. The designed controller (SFSMC) 
includes the algorithm of the time variant gain factor 
( (k)) and the tuning of the scaling factors.  

The fuzzy control theory was combined with the 
sliding mode control theory in the study to control the 
servo pneumatic system. The structure of the fuzzy 
control includes four parts: fuzzification inference, 
knowledge base, decision logic and defuzzification. In 
the article, Mamdani control rules and 
maximum-minimum algorithm are applied, and the 
“center of the gravity” method is used to defuzzify and 
to get the accurate control signal. For sliding mode 
control, the sliding surface S and the change of sliding 
surface dS are defined as 

)()()( kekdekS , (2) 
),1()()( kSkSkdS   (3) 

where e(k) is the error, de(k) is the change of error and 
 is the slop of sliding surface S. The variables )(kS ,

)(' kdS  and )(kU  are chosen to be the two inputs and 
one output of the fuzzy controller, respectively. The 
variables )(kS and )(' kdS  are defined by 

GekSkS )()( ,  (4) 
GvkdSkSd )()( , (5) 

where Ge  and Gv  are the scaling factors of sliding 
surface and the change of sliding surface. The control 
output signal )(ku f  is defined as:  

)()()( kGukUku f ,  (6) 

where )(kU  and )(kGu  denote the controller output 
and the output scaling factor of the controller at time 
instant kT. In this paper, the triangular membership 
function is applied to define the fuzzy sets of the inputs 
and the output, Figure 9 illustrated. Three linguistic 
fuzzy sets are applied for the input and output variables. 
The control rules are illustrated in Table 1. The 
“max-min” and “center of gravity” methods are adopted 
for fuzzy inference logic and defuzzification algorithm. 

ZE PBNB NS PS

0-1 1
)(

),(),(
kU

kSdkS

Figure 9 Membership function of )(kS , )(' kdS and
)(kU .
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Table 1 Fuzzy sliding mode control rules. 
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For the conventional fuzzy inference, its control 
parameters such as rules table, scaling factors and 
membership functions are usually obtained by 
trial-and-error method. The method is time- consuming 
and difficult to obtain the optimum parameters. 
Moreover, the conventional controller has not the 
adaptive resource to supervise and modify its control 
parameters to reject the disturbance. Therefore, in this 
paper the output scaling factor Gu(k) of fuzzy sliding 
mode controller is tuned on-line by a real-time gain 
updating factor (k) to raise the positioning precision 
and robustness of the control system. The new scaling 
factors are modified by 

))(1()()1( kkGukGu ,  (7) 

where (k) is the real-time gain factor. The value of 
real-time gain factor (k) is computed on-line using a 
model independent fuzzy rule-base defined by error and 
change of error of the controlled variable. The most 
important point to note is that real-time gain factor is 
not dependent in any way on any process parameter. 
The value of real-time gain factor depends only on the 
input variable of controller at the sampling instant. The 
membership functions for input variables e(k) and de(k)
and output variable (k) are shown in Figure 10. The 
membership function for  (k) is also a triangular type 
and the rule-base in Table 2 is used for the computation 
of  (k). 

When a loading is applied on the pneumatic control 
system, the control characteristic will be varied due to 
the variation of operating pressure, and caused a 
obvious effect on the positioning precision. Therefore 
the load compensator, which is similar to the dither 
signal, is designed according to the error (e(k)) and the 
velocity (V(k)) to overcome the variation in this paper. 
The algorithm of load compensator is expressed by the 
following equations: 
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Figure 10 (a) Membership function of e(k). (b) 
Membership function of de(k). (c) Membership function 
of (k).

Table 2 Fuzzy rules of real-time gain factor. 
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where Kc is the gain of the amplitude and B(k) is the 
variable amplitude. The algorithm of the variable 
amplitude B(k) is expressed as:  

)()(
1

kV
V

kB , (9) 

where  is the maximum peak value of variable 
amplitude B(k). When the loading effect causes the 
control system to lie at the stop state and the error is 
bigger than the desired steady state error(E2), the 
compensation signal is triggered and thus set to be the 
maximum value to ensure that the system never stops. 
As the control system is driven again from the stop state, 
the amplitude of load compensation signal is 
appropriately attenuated with the change of velocity to 
prevent the overshoot or oscillation phenomenon.
Finally, the deadzone compensation can be designed to 
avoid the deadzone. The algorithm of control voltage 
with deadzone compensation can be expressed by the 
following equation: 

0
0

,
,

c

c

bc

ac

uif
uif

Vu
Vu

u
,
 (10) 

where cu  is the output signal of controller and load 
compensator, and Va and Vb are the compensation values 
of the dead zone at each side of the center. 

EXPERIMANTAL RESULTS OF NANOMETER 
POSITIONING 

The above-described controller design is implemented 
in the microcomputer to control the position of the 
pneumatic servo table. The air supply pressure is set to 

235 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



be 5 bar, the sampling time and the reference input are 
chosen to be 20 ms and 10 mm. The experimental 
results are shown in Figure 11. The position error is 
within the range of the resolution 20 nm of the pulse 
scale from the time instant 1.5 sec. In the fine feed 
experiment, the feed resolution is noticed through the 
various step feeds. From Figure 12 one can see that the 
low friction pneumatic servo table can be controlled to 
move step by step for 20 nm and the position error is 
about 20 nm.  

Although the positioning accuracy less than 20nm 
is not possible in these positioning experiments owing 
to the restriction of the resolution of the pulse scale, it 
can be predicted that this positioning method has the 
ability of 20nm or even less feed resolution.  
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Figure 11 (a) Time response of the pneumatic servo 
table for a step input 10 mm. (b) Time response of error. 
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Figure 12 Multi-step responses of the pneumatic table 
with 20 nm step displacement. 

CONCLUSIONS 

In the paper, we have fitted the pneumatic cylinder and 
the low friction driven table with aerostatic bearings, 
and have designed appropriate devices to measure their 
corresponding small friction forces. Moreover, this 
work has designed and implemented a hybrid 
self-tuning fuzzy sliding mode controller with the dead 
zone and load compensator for the precision control of 
the pneumatic table. The experimental results have 
shown that the pneumatic servo table can be controlled 
to the nanometer accuracy of 20 nm both with 10 mm 
step input and 20 nm stepwise input successfully. 
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INVESTIGATION ON CAVITATION BEHAVIOR AND  

NOISE IN HYDRAULIC VALVES

Xin FU Liang LU, Xuewen DU and Jun ZOU 
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Hangzhou, 310027 China 

ABSTRACT 

Cavitations inside hydraulic valves were investigated by using high-speed camera technology and noise spectrum 
analyzing method. The bubble flow’s morphological and flowing characteristics were converted into numerical 
information by the employment of image process, which made the two-phase flow easily identifiable. Based on this, 
cavitation’s distribution and shape characteristics were revealed. Combined with cavitation noise spectrum analyzing, it 
was found that the shedding process of cavitation had similar high frequency properties with cavitation noise spectrums. 
Typical noise curves of cavitations were obtained, and the second peak levels were found in low cavitation number 
conditions. In addition, it assumed that, the shedding frequencies played a good reflection to cavitation noise while 
using cavitation numbers as the only variable.  

KEY WORDS  

Hydraulic, Cavitation, Image process, Noise spectrum

NOMENCLATURE 

B :   the width of groove 
Fs :   the camera speed 
f :   the frequency of shedding 
h :   the depth of groove 
L :   cavitation bodies’ average length 
Lp :   Cavitation noise level 
l :   the length of groove 
Re :   Renault number 
s :   Cavitation bodies’ helical pitch 

x :   the opening of the valve 
 :   the cavitation number 
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INTRODUCTION

Cavitation phenomena are common in various hydraulic 
components like pumps, valves and cylinders etc. The 
reason can be explained by the complex channels and 
high differential pressure. As we know, cavitation 
causes undesirable problems, such as vibrations, noise 
and erosions. Many efforts have been taken on the issue 
and progresses have been made. Vibrations induced by 
cavitation were investigated by Guoyu Wang [1]. 
Cavitation’s erosion and flow choking phenomena were 
revealed in Koivula’s papers [2]. Moreover, simulations 
related were conducted with the code of Fluent by Hong 
Gao [3]. However, Kiesbauer and Vnucec [4] gave a 
detailed description about cavitation in control valves 
with axi-symmetrical characteristics. Special threshold 
points were indicated within a typical cavitation 
development process, like incipient cavitation, incipient 
choked flow, maximum noise and the material damage 
threshold. A typical cavitation noise curve according to 
ISA standings was presented. And most experimental 
dates were gained from the medium of water. In 
Martin’s paper [5], cavitation inception characteristics 
were investigated in oil by pressure energy spectrum 
method, which seemed to have similar characteristics 
with the acoustics noise. Camera vision pictures were 
presented of cone valves in Kiesbauer’s paper, but little 
information was gained. High-speed photography 
technology and transparent valve body were employed 
in our experiments (fig.1, fig.2). With this method, 
cavitation’s distribution and shape characteristics can be 
easily observed. Furthermore, the relationship between 
cavitation noise and its morphological characteristics 
was studied. In Sato and Saito’s research on orifice 
cavitation [6], the similar method was taken. Orifices 
with different lengths and diameters were studied. From 
the information supplied by the images, the states of 
cavitation flow can be identified by its shedding, 
feed-flow characteristics. Ganippa [7] gave another 
work in orifices with different flow-in angles. The 
location of cavitation inception and its no 
axi-symmetrical changes of flow were illustrated.  
Non-circular opening spool valves with U-grooves were 
studied in our research. Unlike most experimental 
objects, the U-grooves are not axis-symmetrical. Oil 
was used as the working media. In most symmetrical 
flow channels, like cone valves and orifices, cavitation 
always forms at the position of the inlet edges. However, 
a new cavitation distribution state was found in the 
bottom of U grooves. Moreover, the bottom formed 
cavitation seemed quite calm and made lower noise.  

EXPERIMENTAL SET-UP 

The experimental set-up includes three parts: throttling 
valves with turning grooves, high-speed photography 

system and noise detecting instrument (fig.1).

Figure 1 Experiment set-up 

The transparent valve body is made of PMMA material 
(fig.2). All the parameters were the same with the real 
metallic valve body to keep the original flow state. AWA 
6270+ noise detecting instrument was used to gain the 
noise level and spectrum messages. Cavitation images 
were taken by FASTCAM-APX 120KC with the 
maximum speed of 120 000fps. Two photographing 
direction were used, the front direction and side 
direction with the angle of 10 (fig.3). 

Figure 2 Transparent valve model 

Figure 3 Configurations of the grooves 

In this experiment, four types of valve spools of 
different depths were used. Details of the experimental 
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body were shown in table 1. The four types of grooves 
had the same width and length parameters, but different 
depth with the equal depth interval. Different valve 
openings of 0.3mm, 0.6m, 0.8mm, 1.0mm, 1.2mm, 
1.5mm, 1.8mm, 2.0mm, 3.0mm and 3.5mm were 
studied. 

Table 1 Construct parameters of turning grooves [mm] 

Valves U06 U07 U08 U09 

B 2 2 2 2 

l 5 5 5 5 

Construct 

parameter 

h 0.5 1.0 1.5 2.0 

DISTRIBUTION AND DEVELOPING TREND OF 

CAVITATION 

As we see in fig.3, the oil flow started from area (1), 
and entered the turning groove, then flow out by the 
area (2). P2 varied in an equal interval in the experiment 
process while keeping P1 constant. The changing of 
flow parameters was denoted by the cavitation numbers. 
Fig.4 showed us that, cavitation appeared in a threshold 
cavitation number and its body region extended nearly 
lineally with the continue decrease of cavitation number. 
Fig.4-6 showed the inception state of cavitation. As we 
see, cavitation appeared in one side of the groove, 
which is coincident with Ganippa’s findings.  

Figure 4 Cavitation’s developing Trend 

As a typical development process of cavitation, cluster 
appeared in the body’s tail, and then shedding formed, 
which was referenced from Sato’s papers. Cavitation 
cluster was not quite notable at weak cavitation 
moments. However, the shedding process always 
existed in any cases. 
As we know, when the local pressure drops down below 
the liquid’s vapor pressure, cavitation incepts. In most 
cases, cavitation forms near by the entrance edges, like 

throttling edges of valves and orifices’ inlet. At small 
opening cases in our experiments, cavitation developed 
under the button of the grooves, which seemed 
unexplainable by traditional understandings.  
The transformation process of cavitation’s distribution 
states were investigated, which seemed regular 
somehow. Fig. 5-(a) shows cavitation’s distribution 
images in the front view and fig. 5-(b) shows the side 
view with the angle of 10 in same conditions. The 
experiment was taken at the cavitation number 0.4 with 
U07 groove. As we see, in the small opening condition 
(fig.5-a-3), cavitation developed around the edges 
formed by the bottom and side faces of the groove 
looked like the letter of U. As the opening increased, 
cavitation inception location changed from the bottom 
of the grooves to the throttling edge. Before the opening 
reach a threshold value, the letter U distribution state 
never changed. However, when the threshold reached, 
the distribution shape transferred from letter U to two 
radials, and its starting-off location combined with 
throttling edge. Finally, the two radials hold together to 
form a single radial (fig.4). As wee in fig.4, the 
cavitation distribution property didn’t change much with 
the cavitation number as variable. However, the sudden 
change of distribution state was not found by our 
ancient studies for the restricting of camera speed.  

        
(a) Front view              (b) Side view 

Figure 5 Cavitation distribution states 

Many experimental cases were conducted to study 
cavitation distribution properties and a table was found 
based on groove’s structure parameters. A no 
dimensional value x/h was used. Since the flow 
parameters have few influences on the distribution 
properties, the experiments were conducted in the same 
cavitation number conditions, =0.4. In table 2, the 
cavitation distribution state-threshold point was 
remarked with fuscous shadings. In all the U09, U08 
and U07 cases, when the value of x/h was less than 1.0, 
they were cavitation’s letter U distribution states, and 
otherwise were the radial distribution states. It assumed 
that, the constant value 1.0 of x/h could be used as 
threshold to distinguish the two distribution states. 
However, the letter U distribution state never appeared 
in U06 groove, even the radial distribution state only 
appeared in sizeable opening cases. When the opening is 
small, only shedding processes can be found, which 
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may be explained by its shallow groove property. As the 
liquid flowed by, the turning trend was unnoticeable in 
the U type valve, and cavitation formed by the throttling 
edges.  

Table 2 x/h =1.0, the threshold of distribution states 

 U09 U08 U07 U06 

0.3 0.2 0.3 0.6 
0.6 0.3 0.4 1.2 
0.8 0.8 
1.0 1.0 2.0 
1.2 0.6 0.8 
1.5 1.0 
1.8 0.9 
2.0 1.0 1.3 2.0 4.0 
3.0 1.5 
3.5 3.5 7.0 

SHAPE AND NOISE CHARACTERISTICS OF 

CAVITATION 

Helix shapes of cavitation body 

A typical cavitation development includes three 
processes, cavitation body, tail cluster and shedding. 
Most studies emphasized particularly on cluster and 
shedding characteristics, few researches concerned the 
cavitation bodies, which seemed to be calm and steady 
compared with the other two process. However, with the 
help of the high-speed camera technology, the shape 
characteristics of the cavitation bodies were made clear.  

Taking parts view 
from fig.5-a-3 and 
fig.4-6, it is easy to 
find that the 
cavitation bodies 
present helix shapes. 
The bodies’ average 
length L and helical 
pitch s were used to 
describe the shape 
characteristics. It is 
concluded from the 
experiment dates that, 

under the same cavitation number conditions, the 
average length L and helical pitch s were both getting 
larger with the increasing of groove depths. There were 
no noticeable cavitation bodies in the U06 groove. Even 
in certain cavitation number and structural parameter 
conditions, the screw interval changed slimly with the 
passing of time. Furthermore, the changing frequency of 
the helical pitch seemed to have something to do with 
cavitation’s shedding frequency and noise levels, which 

will be investigated in our further studies. 

Cavitation noise and its periodic shedding process  

Typical noise trend with cavitation number as variables 
was obtained. With the decreasing of cavitation numbers, 
the noise level raised slowly, however, when cavitation 
incepted, a sharp rise of the noise level appeared. Until 
the cavitation number reached its threshold value, the 
noise came to its maximum and then went down quickly. 
The similar noise development according to ISA 
standers was illustrated in Kiesbauer’s papers (2006). 
Second peaks lever (fig.7) were found in the noise 
curves, and similar trends appeared in Sato’s 
acceleration dates caused by cavitation. As we see in 
fig.7, the curves of U09 and U08 hold similar 
characteristics. The average noise level of 0.5mm 
opening cases in both grooves were quite low than that 
of larger opening cases, though the opening differences 
among which were relatively small. However, with the 
decreasing of grooves’ depth, the noise of larger 
openings weakened, and simultaneously, the smaller 
ones’ get intensified.  
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Figure 7 Cavitation noises in different grooves 

Periodic shedding processes were studied in Sato’s 
papers, and its relationships with cavitation’s re-entrant 
motion characteristics were revealed. However, the 
influences of the shedding process on noise were not 
mentioned. It was concluded from our studies that the 
shedding frequency reflects cavitation noise to some 
extent. The shedding periods were obtained by 
high-speed camera technology and image process. Fig.8 
showed the shedding images within one period of three 
grooves. All the images were taken at their maximum 
noise condition, while the openings were the same of 
1.0mm.  
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Ls

Figure 6 
Cavitation bodies’ twist shape
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Figure 8 Cavitation shedding behaviors 

Periods can be calculated by the frame number and 
camera speed. As a result, f09-1.0=13.3kHz, f08-1.0=4kHz 
and f06-1.0=10kHz. The high frequency characteristics of 
the shedding processes seemed to be similar with 
cavitation noise spectrum, as was illustrated in 
Christopher’s book on cavitation [8]. For the purpose of 
getting a better understanding of the shedding process, 
an attempt was conducted. As a continual investigation 
of groove U09 within 1.0mm opening condition, the 
shedding frequencies based on different cavitation 
numbers were figured out, as is showed in fig.9.  

Figure 9 Cavitation noise and shedding frequency 

Similar trend of the cavitation noise levels and the 
shedding frequencies could be seen in this figure. It is 
reasonable to believe that the shedding frequency could 
be used as a reflection to cavitation noise. However, 
with the restriction of camera speed, the frequencies 
can’t be divided detailed, though the highest audible 
frequency 20kHz can be detected by the current 
conditions. Moreover, it assumed that the shedding 
volume also played an important role on cavitation 
noise, which would be investigated in our further 
researches.  

CONCLUSIONS 

(1) Two cavitation distribution states were found in the 
grooves. And the states’ transition threshold point 
was advanced. It was illustrated that the cavitation 
distribution characteristics were only effect by 
structure parameters.  

(2) Cavitation’s shape characteristics were investigated, 
the bodies of which exist in liquid environments 
with helix shapes. The length of bodies extends 
nearly lineally with the changing of the cavitation 
numbers. However, no noticeable cavitation bodies, 
even cluster processes were found in groove U06, 
though the bodies’ average length was getting 
shorten from groove U09 to U07, which means that 
there is an appropriate construction for the develops 
of cavitations.  

(3) Cavitation noise was detected in a soundproof room. 
Typical noise curves were obtained. And moreover, 
second peck level of noise appeared in the small 
cavitation number conditions, which is coincident 
with Sato’s acceleration dates on orifice cavitation.  

(4) It is illustrated that shedding processes of cavitation 
exist in any cases, even in groove U06. The 
shedding frequency was employed to compare with 
cavitation noise, and similar trends were found 
within a certain depth and opening condition.  

Groove U09 Groove U06 

Groove U08 

Frame 
No. 1 

No.2 

No.3 

No.4 

No.3 

No.4 

No.5 

Frame 
No. 1 

No.3 

No.5 

No.7 

No.9 

No.11 

(a) =0.15; Fs=40000fps (b) =0.05; Fs=40000fps

(c) =0.11; Fs=40000fps

Cavitation cluster 

Shedding 

Shedding  

Shedding  

Frame 
No. 1 

No.2 

Lp 2.0 
Lp 1.0 
f  2.0 
f  1.0 

259 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



ACKNOWLEDGEMENTS 

The authors are grateful to the National Basic Research 
Program (973) of China (No. 2006CB705400) and 
National Natural Science Foundation of China (No. 
50705082) for the financial support. Thanks are also 
given to Shohei RYU and Masami OCHIAI for their 
helps with this research, who work at the technical 
research laboratory of Hitachi Construction Machinery 
Co. Ltd. Tsuchiura, Ibaraki, Japan.  

REFERENCES 

1. Guoyu Wang and Lei Tao, Characteristics of 
Vibration Induced by Cavitation, Journal of Beijing 
Institute of Technology, 2005, 14-4, pp.411-415. 

2. Timo Koivula, Proc. of 1st FPNI-PhD Symp., 
Hamburg, 2000, pp.371-382. 

3. Hong Gao, Xin Fu and Yanghua Yong, Numerical 
Investigation of Cavitating Flow Behind the Cone of 
A Poppet Valve in Water Hydraulic System, Journal 
of Zhejiang University Science, 2002, 3-4, 
pp.395-400.  

4. J. Kiesbauer and D. Vnucec, Prediction Cavitation 
Damage in Control Valves, Hydrocarbon processing, 
2006, 85-33, pp.55-61. 

5. C. Samuel Martin, H. Medlarz and D. C. Wiggert, 
Cavitation Inception in Spool Valves, Journal of 
fluids Engineering, 1981, 103, pp.564-576. 

6. Keiichi SATO and Yasuhiro SAITO, Unstable 
Cavitation Behavior in a Circular-Cylindrical Orifice 
Flow, JSME International Journal, Series B: Fluids 
and Thermal Engineering, 2002, pp.638-645.  

7. LC. Ganippa, G. Bark and S. Andersson, Cavitation: 
A Contributory Factor in the Transition from 
Symmetric to Asymmetric Jets in Cross-flow, 
Experiments in Fluids, 2004, 36, PP.627-634.  

8. Christopher E. B., Fundamentals of Multiphase Flow, 
2005, pp.142-149. 

260Copyright © 2008 by JFPS, ISBN 4-931070-07-X
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ABSTRACT 

A 2D servo valve designed with zero-overlap is proposed. First, the pilot leakage of the 2D servo valve with a 
zero-overlap of pilot stage is analyzed theoretically. Based on the analysis to the flow field of the clearance between two 
parallel plates, the overall pilot leakage is calculated through integration. Secondly, the mathematical model of the axial 
motion of the spool in respect to rotary motion is established and the dynamic response of 2D servo valve is 
investigated by simulation. Finally, to validate the analysis, the prototype of a 2D valve with flow capacity of 300L/min 
(at 7Mpa) is fabricated and the pilot leakage and the actual step response are measured. The results of the experiment 
show that the pilot leakage is about 0.6L/min at 21Mpa and the response time for the step input is 7ms. It is concluded 
from both theoretic analysis and simulation that the 2D servo valve with a zero-overlap of pilot stage has a fairly fast 
dynamic response, and its pilot leakage is very small, less than 0.2%. 

KEY WORDS  

Servo valve, Leakage, step response, two-dimensional control 

NOMENCLATURE 

 : Pitch angle of spiral groove 
A  : End area 

1A   : Crescent overlap area between the spiral 
groove and hole 1 

2A  : Crescent overlap area between the spiral 
groove and hole 2 

cB  : Coefficient of viscous frictional force 

dC  : Coefficient of the flow rate 

eC  : Modifying coefficient of flow rate 
F  : Coulumb frictional force 

0h  : Initial overlap size of crescent area 

1h   : Height of crescent overlap area for the hole 1 

2h  : Height of crescent overlap area for the hole 2 
K  : Stiffness of the Bernoulli force 

VL  :    depth of left spool chamber 
m  : Mass of spool 

Ap  : Pressure of main valve port A 

Bp  : Pressure of main valve port B 

cp  : Pressure of the left spool chamber 

sp  : Pressure of system  

pq  : pilot leakage flow 
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1Q  :  Flow rate entering the left spool chamber 

2Q  : Flow rate through crescent overlap area of 
hole 2 

1lQ  : Flow rate entering from hole 1 through 
spool-sleeve clearance 

2lQ  :  Leakage through spool-sleeve from left 
chamber to hole 2 

dr  : Radius of the hole 1 (2) 
R  : Radius of spool land 
t  : Time 

vx   : Displacement of the spool 
 : Dynamic viscosity 
 : Rotary angle of spool 
 : Density of oil 
  : Angle of the small width dl
 : Clearance between spool and sleeve 

INTRODUCTION

hole 1

hole 2

PB PA

PS

Figure 1 2D servo valve with a zero-overlap of pilot 
stage

The electrohydraulic servo valve plays a key role in the 
electrohydraulic servo systems and usually determines 
the performance of the whole systems to a great extent. 
The well-known nozzle-flapper servo valve has a fairly 
fast dynamic response due to the small inertia of its 
armature-flapper-wire assembly, but it is very sensitive to 
the contamination of oil media. Moreover, there is 
always a constant leakage flowing through the gaps 
between the nozzles and flapper, which results in a 
substantial power loss in the system, especially when the 
system is running at high pressure, for the value of the 
power loss is proportional to the square of the system 
pressure. As for the jet pipe servo valve, the tolerance to 
contamination has somewhat been improved, but at the 
price of even greater pilot leakage and power loss. The 
2D servo valve (shown in Figure 1) is designed with 
two-dimensional structure of a single spool and its 
dynamic performance is chiefly dominated by the 

hydraulic servo mechanism for the rotary-to-linear 
motion conversion.  Because the natural frequency of 
the hydraulic servo mechanism is extremely high, up to 
about 104 to 105Hz, the 2D servo valve potentially 
possesses high performances both dynamic and static. In 
previous studies, its pilot stage is designed with a certain 
hatch to increase stability. But this results in the leakage 
of the pilot stage and power loss. Therefore, a 2D valve 
designed with zero-overlap, hence with tiny pilot leakage, 
is proposed in this paper.  

ANALYSIS OF PILOT LEAKAGE FLOW 

2D servo valve with a zero-overlap of pilot stage does 
not have hatch, the pilot leakage is mainly generated via 
the clearance between the valve spool and the vale sleeve. 
Under static conditions, the flow enters the left valve 
chamber through the clearance via hole 1 (high pressure 
hole) and then discharges through the clearance via hole 
2 (low pressure hole) to tank, so the pilot leakage occurs. 
As the clearance is very small, the leakage flow is 
considered to be laminar flow and can be considered the 
same as that as exists in the clearance formed by two 
parallel plates. Therefore, based on the model of tiny 
volume with small width through the clearance between 
two parallel plates, the leakage flow of 2D servo valve 
with a zero-overlap of pilot stage can be calculated 
theoretically.  

rd

x
1

h
0

l
dl

spiral
groove hole 2

Figure 2 Pilot leakage flow 

With reference to Figure 2, the flow of a tiny volume 
with small width dl through the clearance between two 
parallel plates can be described as follow 

1

3

12 xC
pdldq

e
p                 1

Where pdq  is the flow of a tiny volume with width 
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dl through the clearance between two parallel plates; 
p  is the pressure difference between the hole and the 

spiral groove. 
For the high pressure hole, cs ppp for the low 
pressure hole, cpp 1x  is the distance from the 
spiral groove to the hole.  
Based on the geometry shown in Figure 2, the following 
equations can be obtained 

sindrl                    2

)cos1(01 drhx            3

Applying the derivative to Eq. (2), the following 
equation can be derived 

drdl d cos                4

Substituting Eq. (3) and Eq. (4) into Eq. (1), the pilot 
leakage flow pq is obtained  

           

0

0

00

0
33 2

)2(312 h
rh

arctg
rhh

rh
C

p
C

pq d

d

d

ee
p                       (5)  

In terms of Eq. (5), the pilot leakage can be calculated at 
different system pressure, shown in Table 1. 

Table 1 Theoretic value of leakage rate 

Pressure 
[MPa] 5 10 15 21 

Leakage rate 
[L/min] 0.1088 0.2175 0.3263 0.4568

ANALYSIS OF DYNAMIC CHARACTERISTIC 

To analyze the dynamic response of the 2D servo valve 
with zero-overlap pilot stage, its mathematical model is 
established. It can be described through flow rate 
continuity equation and spool motion equation. 
Flow rate continuity equation 

In the dynamic process, the flow rate entering the left 
valve chamber is mainly composed of two parts. One 
part is the flow rate entering the left chamber through the 
crescent overlap area of the hole 1, and other part is the 
flow rate entering from hole 1 through the clearance 

between the spool and the sleeve. Correspondingly, the 
flow rate discharging the left chamber is also composed 
of two parts: the flow rate through the crescent overlap 
area of the hole 2 and the flow rate from the spiral 
groove to tank through the spool-sleeve clearance. 
Therefore, according to the flow rate continuity, the 
following equation is obtained 

dt
dpxLA

dt
dxAQQQQ c

e

vVv
ll

)(
2211    (6

The flow rate 1Q  can be calculated by the following 
equation 

)(2
11

cs
d

pp
ACQ           7

1A  is the crescent overlap area between the spiral 
groove and the hole 1. It is dependent upon their relative 
geometric position. With reference to Figure 2, 1A  can 
be expressed as: 
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Where 1h  is the height of the crescent overlap area for the hole 1.  
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With reference to Figure 2, 1h  can be described as 
follow 

01 cossin hxRh v           9

Similarly, 2Q 2h and 2A  are respectively described as 
follow 

c
d

p
ACQ
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02 cossin hxRh v         11
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Spool motion equation 

The equation of motion for the spool is given by: 

FKx
dt

dx
B

dt
xd

mApAp v
v

e
v

sc 2

2

2
1 13

Equation 6 ~ 13  form the basis of the mathematical 
model of the 2D serve valve with zero-overlap pilot stage. 
These equations are nonlinear and solved using 
numerical computation method. The simulation pattern is 
shown in Figure 3. From Figure 3, the rising time is 
about 6 ms. 

x v
(m

m
)

t (ms)
0 10 20

0.0

1.0

2.0

15MPa

21MPa

Figure 3 Simulation pattern 

EXPERIMENT 

To validate the analysis, the actual test is carried out on 
an experimental set-up. 
Measurement of leakage rate from the pilot   

Figure 4 is the experimental set-up of leakage rate of the 
pilot. The leakage rate was measured using a calibrated 
glass and a stopwatch. To prevent leakage from the valve 
port via the spool-sleeve clearance of the central spool 
land from entering the calibrated glass, port PB is 
connected to tank and port PA blocked off. The measured 
data is listed in Table 2. It should be noted that the 
measured leakage flow rate included the leakage through 
the spool-sleeve clearances. From Table 2, it can be 
clearly seen that the pilot leakage is 0.6L/min at 21MPa. 
The data agrees well to the theoretical calculation result 
and the leakage flow of the pilot is small. 

PB PA

Figure 4 Experimental set-up of leakage rate of the pilot 
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Table 2 Measurement of leakage rate 

Pressure 
[MPa] 5 10 15 21 

Leakage rate 
[L/min] 0.174 0.316 0.435 0.6 

Experiment of step response  

Figure 5 is the experimental set-up of the step response. 
In Figure 5, One end of a steel rob was connected with 
the spool, and the other end was tied with a steel wire. 
By pulling the steel wire quickly, the step of spool’s 
rotation was created and the spool also made a linear 
motion correspondingly in respect to its rotation. The 
linear motion of the spool was measured with a laser 
displacement sensor and recorded in an oscilloscope. The 
measured step response is shown in Figure 6. From 
Figure 6, it can be clearly seen that the linear motion of 
the spool in response to its rotation is very fast, and the 
responding time is about 7ms at 21MPa. This result also 
proves the correctness of the theoretical analysis. 

laser
displacement

sensor

oscillscopecomputer

Figure 5 Experimental set-up of step response 

CONCLUSION 

2D servo valve with zero-overlap is composed of a pilot 
control valve designed with both rotary and linear 
motions of a single spool. Because of the extremely large 
value of the hydraulic natural frequency, the 2D servo 
valve potentially possesses high performances both 
dynamic and static. Either simulation analysis of 2D 
servo valve with zero-overlap or experiment makes it 
clear that it has fast dynamic response. The step response 
time is about 7ms. It is also shown its pilot leakage is 
very small. 
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ABSTRACT 

The E/H servo cartridge valve is adopted to control the system of 20MN Forging Hydraulic Press. Its 
characteristics ,such as short response time, high control accuracy and so on, are extremely fit for forging hydraulic 
press. As a result the high forging times and accuracy can be achieved. A new saving-energy fast forging press using 
accumulator is presented for the problem of power waste during forging process. The model of proportional cartridge 
and accumulator are found, then the mathematical model of the whole fast forging circuit is found and simulated, the 
results show that it performs perfect for the fast forging press by using accumulator. Finally, base on the fast forging 
press test with accumulator, the model validity and feasibility of this fast forging circuit are validated. 

KEY WORDS  

Fast forging, accumulator, forging curve, saving-energy 

NOMENCLATURE 

A : the cross-sectional area of the accumulator. 
A1 : the plunger piston area of the main cylinder.. 
A2 : the plunger piston area of the retracting cylinder.. 
a : proportional cartridge valve choke area... 
B : oil viscous damping coefficient 
ca : gasses coefficient of damping of the accumulator 
Cd :  proportional cartridge valve flow coefficient 
d :  proportional cartridge valve choke diameter 
Ka :  gasses rigidity coefficient of accumulator 
Kvx :  proportional cartridge valve gain 
M :  the moving part mass 
ma :  liquid equivalent mass of accumulator 
Psa :  the inlet pressure of accumulator 
P1 :  the pressure of the main cylinder 
P2 :  the pressure of the retracting cylinder 
Ps :  the pressure of the pump 

Q1 :  the flow of the main cylinder 
Q2 :  the flow of the retracting cylinder 
Qx :  the flow of the accumulator 
Ps :  the pressure of the pump 
V1 :  the initial volume of the main cylinder 
V2 :  the initial volume of the retracting cylinder 

vx :  proportional cartridge valve frequency
V2 :  the initial volume of the retracting cylinder 

INTRODUCTION 

Forging industry is closely linked with national war 
industry, nuclear energy, airspace, electric power 
generation, traffic, fossil oil, heavy machinery etc. 
Forging press capacity tonnage represent a national 
strength, the advanced forging equipment is also one 
important symbol for a state industry modernization[1]. 
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With the development of industry modernization, the 
forging precision and forging velocity are requested 
more and more high. Because it not only can increase 
productivity, but also can reduce the loss of the 
workpiece and economize in raw materials[2]. Due to 
some characteristics such as high pressure, large flow, 
heavy moving inertia and so on, the forging hydraulic 
press often has poor rapidity, large shock during 
pressure relief and flow relief, low control accuracy and 
high accident rate. To overcome the negative influence 
and improve forging press performance, 20MN fast 
forging hydraulic press have obvious improvement with 
respect to hydraulic system design, control method and 
control software.  

FAST FORGING PROCESS CONTROL  

Fast forging work is mainly used to finishing operation, 
its forging stroke is not exceed 30mm, the amount of 
deformation is generally controlled less than 5mm. The 
simplification schematic diagram of 20MN hydraulic 
press fast forging system with accumulator is shown in 
Figure 1. 

Figure 1 The simplified accumulator fast forging circuit 

During fast forging process, SV4 is all along closed, the 
chamber of return cylinder form close and maintain 
pressure. Decompression stage SV1 turns on  and 
high-pressure oil comes into master cylinder, the 
moving beam go down, oil from return cylinder enter 
into  accumulator and the energy is stored, 
supporting-valve PV serve for security. During 
return-stroke hour SV1 is closed  and SV3 is turning 
on, master cylinder pressure is releasing and SV5 open 
up instantaneously and main pump unload, at the same 
time accumulators release, high-pressure oil comes into 
return cylinder, moving beam is lifted, after running up 
to upper set point, next working cycle is coming 
immediately. 

FAST FORGING PROCESS MATHEMATIC 

MODEL

The rapidity and control precision is pursuing goal for 
hydraulic press, it is important to study on dynamic 
characteristics of fast forging process. 
The E/H proportional cartridge model 

20MN fast forging hydraulic press adopts Parker E/H 
proportional cartridge, its response time is less than 
20ms, from Figure 1,  SV1 SV3 is this type valve. 
When hydraulic system natural frequency is less than 50 
Hz, the E/H proportional cartridge model can be 
represented as: 

1
v vx

c
vx

x K
sI

(1) 

The flow equation of the master cylinder’s input 
proportional cartridge valve is

1 1
2

d sQ C a P P (2) 

The flow equation of the master cylinder’s pressure 
relief proportional cartridge valve is

1 0
2

t dQ C a P P (3) 

The throttle area of proportional cartridge valve is

sinva x d (4) 

The accumulator model 

Supposing state 0( 0XP , 0XV )is the pressure and volume 
state of initial working point in the air cavity, state 
a( aP  , aV )is random working mode of the air cavity. In 
the fast forging course of hydraulic press, the working 
frequency of the accumulator is about 1.3Hz the 
inflation and deflation time of the accumulator is less 
than 1min, it can be regard as adiabatic condition, 
so 4.1k   . 
Accumulator is a gasses spring-damp model[4]
Accumulator motion equation: 

2
a a a a a a a

sa a
mV BV c V k VP P

A
(5) 

According to gas equation, where is 

x0 x0 a a
k kp V p V (6) 
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from above Eq.(6)

a x0 x0 a
k kp p V V (7) 

Then accumulator from state 0 to state a, pressure 

increment is

0 x0 x0 a 0
k k

a x xP P P p V V P (8) 

The accumulator state of pressure equation is: 

x0 x0
1

k

a ak
a

kp VPP V
t V

(9) 

The cylinder model 

The controlled actuator of the E/H servo system consists 
of one main cylinder and two return cylinders in 20MN 
fast forging hydraulic press. Those cylinders work 
together to realize forging press framework motion. To 
model such system, the reciprocating motion cylinders 
are regarded as a double-acting cylinder with a 
noticeable difference that is the reciprocating motion 
cylinders have no internal leakage.   
The flow continuous equation in main cylinder: 

1
1 1 1 x

e

VQ P A y Q (10)

The flow continuous equation in return cylinder: 

2
2 2 2

e

VQ P A y (11) 

Owing to oil condensability smallness, hydraulic spring 
stiffness which is caused by the oil condensability is 
much larger than accumulator loading system [5] so the 
syntheses spring stiffness of forging system is mostly 
decided by accumulator.  
Neglecting pipeline influence, the flow variation of 
return cylinder is equal to accumulators’, the pressure 
change of return cylinder is correspondence with the 
accumulators’.
so

2 2 1Q A y V (12) 

2 saP P (13) 

The moving framework model 

Ignoring friction force, the framework motion equation 
is expressed as follows: 

1 1 2 2 zP A P A By F G My (14)

SIMULATION ANALYSIS 

simulation parameter 

Master cylinder diameter of 20MN fast forging press is 
820mm return cylinder diameter is 250mm the weight 
of moving beam is 200t, balancing deadweight needs 
for 14.5MPa system pressure, the max flow of 
compression is 3600L/min, the frequency of fast forging 
is 80 times/min, stroke is 30mm gauge reduction is 
5mm accuracy of displacement is 1mm. Supposing 
maximum external load is 10MN practical external load 
has certain relation with deformation of forging 
workpiece. Setting the basic parameters of accumulator 
is very important, selected Vx0=40L Px0=14.5MPa. 
simulation analysis

The simulation model is found and simulated by 
Matlab/Simulink®. Figure 2 shows the fast process 
pressure and displacement curve of the forging press 
without load. The displacement curve is smooth and no 
overshot, and the forging press has high position 
precision, during compression course, pressure of main 
cylinder P1 rises, the pressure P2 of accumulator also 
goes up because of absorbing energy. There is one 
slowdown process near lower-most point, both master 
cylinder and return cylinder pressure appear wave 
trough; during upstroke course, main cylinder releases 
through SV3 pressure decreases to zero, accumulator 
releases energy, pressure gradually reduces. The 
pressure fluctuation of main cylinder is due to moving 
beam quality, hydraulic spring and damping effect 
together. 
The forging press with external load fast process 
pressure and displacement curves are shown in Figure 3, 
loaded instant, the moving beam is at once slowdown 
and displacement curve appears fluctuation, but control 
accuracy is not affected, the pressure of main cylinder 
rapidly rises, the pressure of accumulator are also higher 
than that of no-load. Figure 4 shows the external load 
input curve.  

CONCLUSION 

a) 20MN fast forging press adopts advanced 
electro-hydraulic control system, the simulation results 
approve that its forging curve is approaching to sine 
curve.
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b) The accumulator fast forging circuit is a new energy 
saving mode, if only the accumulator parameters are 
rationally designed and selected, the simulation results  
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prove that it is feasible to use accumulator to realize fast 
forging. 
c)Establishing kinematic equation of accumulator, and 
supply the gist of fast forging circuit design and 
accumulator select. 

d)Establishing mathematic model of fast forging circuit 
with accumulator, hydraulic press dynamic 
characteristics is researched by simulation, which  
provides theoretical foundation for fast forging press 
design and application. 
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ABSTRACT 

A basic hydrostatic transmission consists of a variable hydraulic pump and variable hydraulic motor. The most popular 
strategy is to control the units in sequence. From standstill up to a speed limit set by the maximum pump displacement, 
the output speed is controlled by the pump. Further increase of the output speed is achieved by decreasing the motor 
displacement. This way to control of HST is not best thinking of total efficiency. Efficiency of the hydraulic pump and 
the hydraulic motor are function of pressure, rotating speed and control angle. If it is possible to control independently 
the hydraulic motor and the hydraulic pump, it can be optimized total efficiency for every operating point (torque and 
rotating speed of the hydraulic motor). In this study control settings of the hydraulic pump and the hydraulic motor are 
optimized for each operating point so that the total efficiency should be as good as possible. These optimized 
efficiencies are compared to efficiencies from traditional control. The entire operating band was studied (rotating speed 
and torque of the motor) using simulation. Exactly verified simulation models of the HST were used. The base of 
simulation models was measured data from earlier studies. The results show that efficiency can be improved when the 
load is low. Power loss decreased maximum about 1.5kW. 
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Key words, Hydrostatic transmission, control, optimization 
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INTRODUCTION 

The closed circuit hydrostatic transmission generally 
comprises three components: a prime mover (for 
example electric motor), the hydraulic pump, which 
converts mechanical power into fluid power and the 
hydraulic motor, which converts fluid power back into 
mechanical power. 
The ideal hydraulic pump and motor is defined as 
having efficiency of 100% with no power losses due to 
leakages or friction. This is no not possible in practice. 
Variables in hydrostatic transmission which 
significantly affect the behavior of a system are: 
• The operation variables: the rotational speed of the 
pump, motor and prime mover and the pressure 
difference across the hydraulic pump and motor 
• The hydraulic pump and motor parameters: the 
volumetric displacement and displacement setting of a 
unit 
• Fluid parameters: the dynamic viscosity, density and 
effective bulk modulus. 
The traditional control of HST (pump and motor) 
operates as follows: The volumetric displacement of the 
hydraulic pump is first increased from zero to 1 (the 
volumetric displacement of the hydraulic motor is at 
value one). If there is a need to increase the speed of the 
hydraulic motor, the volumetric displacement of the 
motor has to be reduced from one to its minimum value 
(in this study to 1/3 from maximum value).  
The total efficiency of the whole system is not very high. 
The low efficiency of the hydraulic pump and motor 
increases the temperature of the hydraulic oil. The oil 
reservoir is typically quite small and it is quite difficult 
to cool the oil especially in the summer time. The 
efficiency of the hydraulic components is varying a lot 
in the HST so the total efficiency is a function of many 
parameter and variable.  

SIMULATION MODEL OF HST [1], [2] 

Several different steady-state loss models for hydraulic 
pumps and motors can be found in the literature. One 
category of such models (the most common ones) is 
coefficient models. In most cases the coefficients can be 
defined by the data given by manufacturer. Another 
group of loss models is based on measurement. In these 
models the losses of hydraulic pump and motor are 

described on the basis of measured data. 
The simulation model of efficiency bases on two-line 
principle in this work. Instead of modeling different loss 
sources, the two-line principle is based on describing 
the change in losses as a function of the system 
variables such as pressure, displacement and rotational 
speed. The loss model is based on measured data of 
hydraulic unit. With these measurements two curves are 
obtained by using polynomial fitting according to two 
lines [1]. All models have been evaluated and tested in 
the fluid power laboratory at Tampere University of 
Technology [1], [2], [3]. 
The model of hydraulic pump and hydraulic motor used 
take into consideration also the power loss of the boost 
pump and minor losses of hydraulic lines. The variables 
in the simulation model of the hydraulic pump are the 
following: the pressure difference over the pump, the 
rotational speed and the displacement control of the 
pump. The constants are the volumetric displacement, 
the lowest and highest pressure and the lowest and 
highest speed of the hydraulic pump. Maximum ratings 
are needed for the calculation of efficiency. With these 
parameters the capacity, torque and efficiency of the 
pump are calculated with the help of the two-line 
principle. The functions are fitted into the measured 
data.  
The inputs of the model are rotational speed, 
displacement setting, displacement and working 
pressure. The outputs of the model are load torque to the 
prime mover, volumetric flow and total efficiency of the 
hydraulic pump. These output signals can be connected 
as inputs to the other blocks of the simulation model of 
the hydrostatic transmission system. The hydraulic 
motor is modeled with the same principle as the 
hydraulic pump. The model used in this study includes 
submodels for the feed pump, pressure relief valve and 
hydraulic pipes. 
Figure 1 show a simulated example of total efficiency of 
HST when the size of the pump was 125 cm3 and the 
nominal size of the motor was 160cm3. The system is 
protected against overloads by pressure relief valves. 
Therefore there is a huge dropping of efficiency in area 
of high torque and high rotating speed.  The total 
efficiency of the HST is not very high at the starting 
point. The reason for this is the poor efficiency of the 
motor at low running speeds. The efficiency increases 
rapidly and the maximum point is achieved just after the 
control has been changed from the pump to the motor. 
After that the efficiency reduces, when the running 
speed of the motor increases.
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Figure 1. Total efficiency of HST. 

Figure 2. Power loss of HST. 
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However, the total efficiency is low when the rotating 
speed and torque are low. Total efficiency is maximum 
90% but decrease rapidly when the operational point 
goes to an edge area. The best efficiency is when the 
rotating speed is about 1/3 of maximum and torque is 
about ½ of maximum.  
Figure 2 shows simulated power loss of HST when 
sizes of components were same as in Figure 1. Even if 
the total efficiency is poor in low rotating speed, the 
power loss isn’t high because the power level is also 
low. When the power level is high (high rotating speed 
and high torque) the total efficiency is quite good.  

OPTIMIZED HST CONTROL 

The main idea of optimized control is that the best 
settings values of pump and motor control is founded 
for every operation point. The total efficiency becomes 
as good as possible. There is not this kind of controller 
system on the market but the optimization has been 
made “manually” in this study. 
In the figure 3 rotating speed was 1000 1/min and the 
torque of the motor was 100Nm. The size of the pump 
was 125cm3 and size of the motor was 160cm3.
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Figure 3. Total efficiency and control angles of HST during simulation. 

274Copyright © 2008 by JFPS, ISBN 4-931070-07-X



0 5 10 15 20 25 30 35 40 45 50
3000

3500

4000

4500

5000

5500

6000

time [s]

P 
IN

 [k
W

]

Figure 4. INPUT power of HST during simulation. 

The best efficiency is at time 20,8s when input power 
of HST is 4635W (Figure 4). In the traditional control 
of HST pump setting 0,87 and motor setting 1,00 result 
in 1000 1/min rotating speed but the INPUT power of 
HST was 5118W. In this case the save was 483W when 
using the optimized control.   
This study is done manually step by step. Every 
operation point (rotating speed and torque of hydraulic 
motor) needs one simulation as earlier was depicted. 
This needs a numerous simulations that sufficient cover 

of operation points were reached.  
Figure 5 shows achievable improvements of power 
save. If the improvement is 0 it refers that traditional 
control of HST operates on its best efficiency.  
The optimized control causes highest improvements 
when the load is low (<500Nm). The best improvement 
is about 1.5kW, when rotating speed is 1000 1/min and 
torque 100Nm. If the torque is high (>500 Nm) the 
traditional control of HST operates at its best way.  
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Figure 5. Simulated achievable improvements of power save of HST. 

CONCLUSIONS AND DISCUSSION  

According to this study the best improvements of 
power save was about 1.5kW HST size like this. The 
best accessible improvements are at low torques. If the 
operating point is continuously at bad operating point 
area, 1.5kW saving would affect to rising time of 
temperature notably.  However, the traditional control 
operates well on most operating points. Advantages of 
optimized control disappear if the operating point 
varies much. Optimized control is more complex 
compared to traditional control because it needs 
separate control system to the hydraulic pump and to 
the hydraulic motor. It needs also the high level control, 
which optimizes total efficiency continuously. In this 
time there is not this kind of control system on the 
market. 

The optimized control improves to total efficiency of 
the HST but there are also other ways to improve the 
efficiency balance. For example smart control, which 
stops prime mover when HST idling, saves energy 
much. Long idle running of HST is avoidable operation. 
Power lost of idling HST is about 5kW. 
The other case to save power is reducing a flushing 
loss of HST. There is continues flushing flow through 
flushing valves which decreases the total efficiency of 

HST. It should be study can power level decreases by 
reducing flushing pressure level in some 
circumstances.  
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ABSTRACT 

This paper describes a numerical procedure for the analysis and the optimization of external gear pumps. The Fluid 
Power group of the University of Parma has implemented a numerical code for the simulation of external gear pumps 
and motors; the code is named HYGESim and it is based on a lumped parameter approach implemented in AMESim, 
writing proper submodels in C language. This work is focused on the optimization of the pump design with particular 
reference to the geometry of the recesses machined on the bushings. The procedure is based on a path search method 
known as Steepest Descent and optimizes the considered parameters starting from a design taken as initial reference. 
The objective functions defined for the optimization permit to account for the volumetric efficiency, the delivery 
pressure ripple, the maximum and minimum pressure peaks during the meshing process. An optimal design of the 
recesses has been proposed and a prototype of a pump, equipped with the proposed geometry of bearing blocks, was 
tested. Measured data and the comparisons with the experimental results obtained for the stock pump taken as reference 
are presented in the paper, confirming the potentials of the developed optimization methodology. 

KEY WORDS  

Gear pump, pressure ripple, design of experiments, response surface methodology. 

NOMENCLATURE 

A…E Bushing design parameters 
ŷ Fitting model 
f Frequency 
g Gradient function 
n Angular velocity 
p Pressure 
Q Volume flow rate 

s Minimum distance between 
delivery recess and shaft hole 

T Time 
u Unit vector 

V Volume 
w, z Weight 

Gear angular position  
x Vector of input variable 
X Coded factor 

v Volumetric efficiency  

Subscripts
av Average 
D Delivery 

Objective function 
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i Index 
max Maximum 
min Minimum 

Superscripts
g1 Driver gear 
g2 Driven gear  

Abbreviations
CV Control volume 
OF Objective function 
TSV Tooth space volume 

INTRODUCTION  

The external gear pumps are the most common positive 
displacement machines in fluid power applications, 
owing to their simplicity and reliability, despite their 
unsuitability for variable displacement [1].  
Many works, e.g. [2-6], in the open literature are 
focused on a detailed description of the processes 
characterizing the machine operation, while others, e.g. 
[7,8], propose numerical models for the prediction of 
the gear machine operation. About the application of 
optimization procedures to hydraulic components, only 
a few examples appear in the literature as to valves [9], 
but none has been found for external gear pumps. 
The authors have chosen to model the complete 
machine operation developing a code that provides a 
detailed evaluation of the flow through the gear machine, 
allowing, at the same time, the simulation of a complete 
hydraulic system. The model, named HYGESim 
(HYdraulic GEar machines Simulator), is based on a 
discrete parameter approach, and permits the analysis of 
the flow under a precise characterization of the shape of 
the teeth profiles, of the recesses and of the axial (gear 
sides) and radial (between tooth tip and housing) gaps. 
This paper reports only a brief description of the 
HYGESim structure, referring for details to previous 
works [10-12],  being this paper focused on the 
optimization of the pump design with particular 
reference to the geometry of the recesses machined on 
the bushings; as a matter of fact the geometry of the 
bearing blocks have significant effects on the  
minimum and maximum pressure peaks during the 
meshing process, the delivery pressure transients and 
the volumetric efficiency. The optimization procedure 
adopted combines Response Surface Methodology and 
Design Of Experiment (DOE) algorithms, it has been 
efficiently applied for the optimization of other 
hydraulic components, as reported in [13,14]. In the 
present study few objective functions have been 
considered for the optimization, that permit to account 
for the main parameters affected by the recesses 
geometry as previously described.
However this procedure provides reliable results 
whenever the simulation code evaluates correctly the 
responses related to all the configurations considered by 
the optimization process. For this reason the reliability 
of the HYGESim’s results was verified on the basis of 
experimental data for different prototypes of gear pumps, 
with particular attention to the parameters that play a 

relevant role in the optimization problem, such as the 
flow oscillations at pump delivery (quantified by the 
measurement of the pressure ripple) and the volumetric 
efficiency [15]. The target of this work is to propose a 
new design of the recesses and to test the prototype 
pump performance comparatively with that of the stock 
versions of the same pump. 

THE SIMULATION CODE (HYGESim) 

The structure of the model includes three different parts: 
1) the fluid dynamic model; 2) the model for the 
evaluation of the geometrical features; 3) the module for 
the evaluation of the actual position of gear’s centres. 
The HYGESim code has been implemented in the 
AMESim® environment through the development of 
many submodels written in C language. 
The first version of the code was presented in [10], 
focusing on a description of the fluid dynamic approach; 
subsequently, improvements of the code are described in 
[11]. The actual stage of development is reported in [12] 
where an integrated procedure is presented that permits 
the user to utilize the CAD 3D drawings directly as an 
input for the geometrical description of the machine, 
thus followed by the fluid dynamic simulations in the 
AMESim® environment. The code permits to consider 
a variable position of the axes of rotation of both gears 
during the simulation, as a consequence of the radial 
forces and torques generated both by the fluid pressure 
and by the contact between the teeth in the meshing 
zone. The model also evaluates the eccentricity of the 
gear shafts respect to the bearings on the basis of either 
the Ocvirk or the Warner-Sommerfeld models. The fluid 
dynamic model is the fundamental component of 
HYGESim, being the other parts developed in 
accordance with its specifications. It is based on a 
lumped parameter approach in that the flow through the 
machine is simulated by subdividing the domain into a 
number of control volumes (CVs), as displayed in 
Figure 1; the complete connection framework regarding 
each CV is quite complex and can be found in [11].  

Figure 1 - Control volumes defined in the fluid 
dynamic model of the HYGESim 

The actual volume and the connections between 
adjacent CVs of the framework displayed in Figure 1 
are related to the angular position of the gears. For this 
purpose, a CAD model evaluates all the geometrical 
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data over a complete revolution of the shaft. Flow rates 
between different CVs and pressures inside each CV are 
evaluated according to the Filling & Emptying 
equations, assuming an isothermal flow. The model 
accounts for the effects of both gaseous (air release) and 
vapor cavitation in a simplified manner, by means of a 
proper relationship between the fluid density and 
pressure [16]. As concerns the calculation of the 
leakages (at the tip of each tooth and at gear’s lateral 
surfaces), these are calculated with the modified 
Poiseuille equation (considering the effect of the shaft 
speed); in details, the gap between each tooth tip and the 
casing is determined considering the actual position of 
the gear centre as a function of the operating conditions.  
Thanks to its implementation in the commercial 
platform AMESim®, HYGESim can be used not only to 
provide detailed insights into the operation of the 
machine, but also to simulate the behaviour of the 
external gear unit in a generic hydraulic system. 

OPTIMIZATION PROCEDURE  
USING DOE AND RSM 

The optimization process is based on a numerical 
procedure implemented in Matlab®, that automatically 
performs the simulation using the HYGESim code 
according to the workflow represented in Figure 2.  

Figure 2 – The 
workflow used for the 
optimization

The algorithm selected for the optimization is the 
RSM-Steepest Descent method [13]. In particular, the 
optimization is based on a sequence of line searches in 
the direction of maximum improvement. The search 
sequence is continued until there is evidence that the 
direction chosen does not result in further improvements. 
The evaluations of the directions of movement and of 
the proper step sizes are based on the calculations of the 
value of the defined OF, for each considered geometry.  
The procedure approximates the OF using a RMS model, 
with fitting coefficients that are calculated using DOE 
technique at each new search sequence. Thus, the shape 
of the OF is reproduced iteratively with continuous 
changes in the coefficients of the fitting equations used 
by the RSM model. This is in contrast to the classic 
RSM approach conceived for fixed and given functions 
[17]. 
The procedure evaluates the coefficients for a fitting 

model that approximates the OF in a small region 
around each point considered according to a first order 
polynomial. A test of adequacy is carried out before 
moving to a new direction, to determine if the estimated 
first-order model adequately describes the behaviour of 
response in the region of factors considered [13]; 
otherwise a second-order polynomial is considered to 
approximate the OF near the point considered: 

0ŷ b x' b x' Bx (1) 

where: x indicates the input variables vector (x’ its 
transpose), b0 the mean value of responses, b the 
first-order fitting coefficient vector, and B the 2nd-order 
fitting coefficient matrix (all terms in matrix B are null 
for the first order polynomial).  
The estimation of the fitting coefficients of Eq. (1) is 
based on the Ordinary Least Squares method, using the 
results of a fractional two-level resolution-3 design [17].  
The gradient of the fitted model is used to determine 
each new Steepest Descent directions. For a single 
response system, the direction of maximum 
improvement is determined by the negative of the 
gradient of ŷ , Eq. (2) : 

1 2

ˆ ˆ ˆ
, ,...,

n

y y yg
X X X

(2) 

where Xi represents the dimensionless coded factor 
related to each input parameter; for example, X1 is 
obtained from data of factor A, according to the Eq. (3) : 

min max
1

min max

A (A A ) / 2
(A A ) / 2

iX
(3) 

The coding convention of Eq. (3) has been adopted in 
order to obtain scale-independent parameter estimates, 
leading to a more reliable search direction process. 
The optimization problem considered in this work is 
multi-objective: more than one objective function needs 
to be minimized simultaneously. For this purpose, the 
procedure follows a weighted priority approach, 
calculating each search direction by applying assigned 
weights to the unit vectors provided by the gradients, 
Eq.(4):

1 1 1 2
...u w u w u (4) 

where i
i

i

gu
g

.

Using Eq. (4), the possible differences in the order of 
magnitude among the typical values of the considered 
OFs do not affect the effective evaluation of the 
direction of maximum improvement. 

OBJECTIVE FUNCTIONS AND PARAMETERS 
CONSIDERED IN THE ANALYSIS 

The optimization procedure of Figure 2 has been 
utilized in order to individuate the best geometry of the 
recesses machined on the bushings. In detail, the input 
parameters of the optimization problem are represented 
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in Figure 3. The figure represents a typical design of the 
recesses for a external gear pump and the parameters A, 
B, C, D, E define a wide range of possible solutions. 
The region of interest is defined by a proper interval 
(maximum and minimum values) assigned to each input 
factor of Figure 3. Obviously, few constraints are 
required in order to avoid unfeasible configurations. 
These constraints can be expressed as analytical 
relationships between the input parameters, and are 
taken into account by the optimization procedure during 
the path search process. 

Figure 3 - Recesses machined on the bushing. Capital 
letters are used to represent the design parameters of 
the optimization problem. Other quotes represent the 
considered constraints  

Specifically, the optimization problem considered in this 
work requires few geometrical constraints; Table 1 
reports the more significant ones.  

Table 1 - Constraints between the factors of Figure 3 

Constraint 

1

A D 0
(This constraint avoid the contact  

between the recesses) 
2 D B
3 E C l

4
sCrCDEm

222

22

(This constraint avoid the contact between the delivery 
recess and the shaft hole) 

As concerns the definition of the objective functions, 
authors propose a formulations properly to quantify the 
performance of the considered unit related to the ideal 
case. As a matter of fact, despite their simple principle 
of operation, external gear unit are far to be ideal, due to 
effects mainly related to the displacing action realized 
by the meshing process. In particular, four different 
aspects play a crucial role: 
1) the amount of transferred flow rate is always lower 

than the ideal case. This can be quantified by the 
volumetric efficiency; 

2) the reduction of tooth space volume during the first 
part of the meshing process is responsible of pressure 
peaks (Figure 4), that can have influence on the flow 
pulsation at the delivery port. Moreover, they have to 

be limited to avoid high loading of the gears, 
mechanical losses and erosion; 

3) the geometrical features that characterizes the 
meshing process (i.e. the course of each TSV, Figure 
4) cause oscillations of the flow at pump delivery. 
This can be quantified by the measurement of the 
pressure ripple, and it has to be limited as much as 
possible in order to reduce noise emissions and to 
enhance the system stability; 

4) as pointed out in the detail of Figure 4, the increment 
of volume that characterizes the second part of the 
meshing process leads to pressure levels below the 
suction value, this reduction can cause gas and/or 
vapour cavitation onset. This phenomenon should be 
avoided in order to limit mechanical damages and to 
increase the transferred flow rate. 

Figure 4 - Simulated pressure inside TSV; in evidence 
the first and third objective function 

The optimization problem has been formulated on the 
basis of the abovementioned effects, in particular an 
analytical function has been defined to quantify each 
described aspect. In order to use these functions as OFs 
for the optimization problem, each function become null 
in the ideal case. For example, OF1, related to the 
volumetric efficiency, is defined as follows: 

1 1 vOF  (5) 

The definition of OF2 and OF4 can be described by 
means of Figure 4: OF2 is defined considering the peak 
reached during the meshing process (Figure 4) related to 
the average delivery pressure level, while OF4 considers 
the angular area of the region where the fluid pressure 
inside the TSV is below the saturation value. In this way 
instantaneous pressure peaks below the saturation value 
are not considered directly. This assumption is coherent 
with the characteristic of the physical phenomenon 
involved, as a matter of fact both the air release and 
phase changes are not instantaneous processes. 
As concerns the OF3 its definition is based on the course 
of the delivery pressure and it takes advantages of the 
studies [15]. These studies identify the equivalent 
amplitude of each fundamental term of the FFT course 
as a parameter suitable for comparisons between 
different flow ripples. As described in [15] these 
parameters are calculated on the basis of the Parseval’s 
theorem, summing the amplitude squared of the 
spectrum. As highlighted by Figure 2, the evaluation of 
the OFs required a proper post processing of data after 
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each simulation performed using HYGESim. This 
calculation is carried out using macros written in 
VisualBasic for Excel®. Moreover, as described in [12], 
before executing the AMESim® model, HYGESim 
requires the calculation of the geometrical data using a 
CAD 2D model (in this case implemented with ProE®).  
The optimization has been carried out on function OFtot,
Eq. (6), in which, the weights zi have been properly 
assumed. 

1 1 2 2 3 3 4 4totOF z OF z OF z OF z OF (6) 

RESULTS

The optimization procedure is based on the workflow of 
Figure 2 using the OFtot defined by Eq. (6). However, in 
order to define an optimal design of the recesses (Figure 
3) for all the typical range of operation of the considered 
pump, at each step the optimization procedure evaluates 
the average value of the OFtot obtained for four defined 
operating conditions, that are displayed in Table 3. The 
path search algorithm was executed changing the 
starting point, in this way it has been possible to 
confirm that the final point correspond to a global 
minimum in the considered region of interest.  

Table 2 – Operating conditions assumed for the 
calculation of OFtot at each step of the 

optimization procedure  

Operating 
condition 

Delivery pressure 
(bar)

Shaft speed 
(r/min)

1 100 1000 

2 250 1000 

3 100 2000 

4 250 2000 

Figure 5 –Path search sequence for the optimization 
performed assuming the reference pump as initial point 

Figure 5 reports the details of the path followed by the 
procedure starting from the configuration of the stock 
pump taken as reference (Casappa PLP20,11.2 pump). 
The same figure shows also the dimensionless 
increment/decrement (as percentage of the reference 
value) resulting at the end of the procedure, when the 
final point is reached. From Figure 5 it is possible to 
notice how the procedure confirms the good design 

pertinent to the stock pump taken as reference: as a 
matter of fact starting from its configuration the 
optimum is reached after only four steps. However, a 
slight improvement of the performance is achieved 
considering the new design, as reported by the 
simulated data provided in Table 3.  

Table 3 – Simulated pump performance: the values 
are reported as percentage of the reference values 

(pertinent to the stock pump) 

Operating condition 1 2 3 4

v +1.60 +2.50 +0.70 +0.20 

Pressure peaks (g1) +0.90 +0.23 +5.00 +4.40 

Pressure peaks (g2) +0.14 +0.13 +0.83 +0.76 

Pressure ripple -28.2 -29.9 -13.3 -20.1 

Table 3, in accordance with Figure 5, points out how the 
proposed configuration, respect to the reference pump, 
improves the volumetric efficiency and reduces the 
pressure ripple, while a slight (but tolerable) increase of 
the pressure peak inside the TSVs of both gears is 
obtained. This also depends on the values of weights zi
assigned for the calculation of OFtot, Eq. (6). 
In order to verify the improvement obtained with the 
new design, a prototype has been realized and tested, 
and its performance have been compared with the ones 
pertinent to the stock version of the pump taken as 
reference. Tests were performed at the Labs. of the 
Industrial Engineering Dept. of the Univ. of Parma 
(IED). Figure 6 reports the measured steady-state 
characteristics, while Figure 7 displays the obtained 
volumetric efficiencies. The results confirm the 
numerical predictions: the new pump shows a slight 
increment of performance respect to reference pump. 

Figure 6 - Measured steady-state characteristics

Improvement are more evident observing the course of 
the delivery pressure ripple, that was measured using 
the system described in [15]. For all the considered 
operating conditions a reduction of the oscillations has 
been observed, as reported in Figure 8 in the time 
domain. Figure 8 pertain to defined operating condition, 
but similar improvement were noticed for all the 
conditions taken into account. 
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Figure 7 - Measured volumetric efficiencies

Figure 8 - Experimental delivery pressure ripple 
(n=500 r/min pD,av = 100 bar)

CONCLUSIONS  

This work falls in the ambit of the research activity 
carried out on external gear machines at the IED. In 
particular this paper presents the numerical optimization 
of the design of the recesses machined on the bushings. 
The procedure is based on a path search method known 
as Steepest Descent, it optimizes few defined parameters 
starting from a design taken as initial reference. The 
objective functions considered for the optimization 
permit to account for the volumetric efficiency, the 
delivery pressure ripple, the cavitation onset and the 
maximum pressure peak during the meshing process. 
Considering a stock pump as reference a new design of 
the recesses has been proposed. Subsequently, a 
prototype was realized and tested. Measured data, in 
terms of volumetric efficiency and delivery pressure 
ripple, confirm the expected improvement of the 
performance, respect to the stock version of the pump 
taken as reference.  
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ABSTRACT 

In this study, a new electro-magnetic proportional actuator composed of an armature and stator with multi convex teeth 
to control oil hydraulic valves was designed and examined. Each of the convex teeth forms a magnetic pole, and when 
multiple magnetic poles produce a force simultaneously, a large thrust force is generated in the actuator. The shape of 
the teeth was varied and influence on the thrust force was examined. As a result, the interval between the convex teeth 
could be reduced. A 10-step pole type actuator was designed, and its thrust force was estimated. When the dimensions 
of this actuator are 52mm height, 68mm width, by 102mm length, its thrust force is constant within 2mm of the 
armature stroke, producing about 300N at an electric power consumption of 15W, and it generates the thrust force in 
proportion to the coil current. The thrust force of this actuator is about 2.5 times as large as that of conventional 
proportional solenoids and linear motors of the same installation area to the valve body, length and power consumption. 

KEY WORDS  

Fluid power, Electro-magnetic proportional valve, Valve actuator, Multi-step pole, High force density 

INTRODUCTION 

There are 4 types of conventional electro-magnetic 
proportional actuators which can directly operate oil 
hydraulic valves in proportion to input signal; 
proportional solenoids, force motors, torque motors and 
linear motors [1]. A permanent magnet is built in these 
actuators except for proportional solenoids, therefore 
their structures are complex and the cost is higher. As 
well, proportional solenoids cannot generate a very 
large force in comparison with their dimensions. 
In this paper, in order to control oil hydraulic valves, a 
new electro-magnetic proportional actuator composed 

of an armature and stator with multi convex teeth was 
designed and its thrust force characteristics were 
examined. The principle of the producing force in this 
actuator is based on the changing reluctance when the 
overlap between the armature and the stator convex 
teeth changes. Since this actuator does not use a 
permanent magnet, there is a possibility of cheaper 
actuator production. As well, the multi convex teeth of 
the armature and the stator of the newly designed 
actuator becomes a multi-step pole, each of the poles 
producing a force simultaneously. Therefore a large 
thrust force is generated in the actuator. 
Furthermore, an electro-magnetic proportional actuator 
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composed of an armature and a stator with 10-step 
convex teeth of triangular groove shape was designed, 
and its thrust force was estimated and compared with 
conventional actuators. 

STRUCTURE AND BASIC 
ELECTRO-MAGNETIC CHARACTERISTICS OF 

THE ACTUATOR 

The principle of producing force in a newly designed 
actuator is based on the principle of producing force in a 
variable reluctance (VR) type stepping motor. A stator 
and an armature of the stepping motor are shown in 
Figure 1. Figure 1 (a) shows a front view of the stepping 
motor, and Figure 1 (b) shows the relation between the 
stator and rotor position in side view. In these Figures, 
there are 6 teeth on the stator and 4 teeth on the rotor.
In this stator, a couple of coils are wound on the 
opposed convex teeth as shown in Figure 1 (a) (the 
other two couples of coils are omitted). When the 
electric current flows in the coil, magnetic flux is 
generated and it flows from upper convex tooth to the 
lower one through the outside of the stator, and then 
returns to the upper tooth. Hence, a couple of convex 
teeth, one on the stator and one on the rotor, in which 
magnetic flux flows, become a magnetic pole, and then 
magnetic force acts on these teeth. As illustrated in 
Figure 1 (a), if a couple of opposed convex teeth of the 
stator and the rotor are not in line with each other, the 
force acts on the teeth until the opposed teeth are in line. 
By this force, a torque is generated in the direction of 
the arrow illustrated in Figure 1 (a), and a rotating shaft 
as shown in Figure 1 (b) is turned, and the torque is 
transferred. 
The principle of generating this torque is due to the 
change of reluctance of the magnetic circuit in this 
stepping motor as the convex teeth position of the rotor 
changes. Therefore, the magnetic energy in the air gap 
between the stator and the rotor convex teeth is 
transformed to mechanical energy, and then the force is 
generated between the teeth. 

Flow of magnetic flux

Stator

Rotor

Torque

Rotating
shaft

Power
supply

              (a)                    (b) 

Figure 1 Principle of VR-type stepping motor 

Figure 2 shows the principle of producing force in the 
multi-step pole type actuator [2]. The armature in Figure 
2 (a) does not turn in the rotating direction from this 
position. The armature fits with the shaft and can slide 
on the shaft along the axis direction. Then, as shown in 
Figure 2 (b), the armature and the stator with multi 
convex teeth are opposed to each other. Now, as 
illustrated in Figure 2 (b), each of the opposed convex 
teeth are not positioned in a lap. When the current flows 
through the coil in this state, magnetic flux flows 
between the armature and the stator around the outside 
of the stator as shown in Figure 2 (a). On the other hand, 
in Figure 2 (b), the magnetic flux produced by the 
winding coil on the lower stator flows in the armature 
convex teeth, and it flows from the armature to the 
upper stator. Also, as shown in Figure 2 (a), the 
magnetic flux flows through the outside of the stator, 
and then returns to the lower stator. This magnetic flux 
flow causes the convex teeth of the armature and stator 
to become magnetic poles, and a large force is generated 
in the axis direction by producing a traction force from 
each tooth simultaneously. 
Figure 2 (c) shows the solid shape of the armature with 
multi convex teeth. First, the convex teeth shape was 
made rectangular of the same teeth shape as the 
stepping motor. 

Flow of magnetic flux

Stator

Armature
Thrust force

Power
supply

Shaft on which armature slides

          (a)                   (b) 

                   (c) 

Figure 2 Principle of multi-step pole type 
electro-magnetic actuator 
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Figure 3 shows the measured result of the relationship 
between X/w1 and Fa. In order to examine the basic 
force characteristics of the multi-step pole type actuator, 
an armature with a single rectangular tooth was used. 
Thickness w1 of the armature with a single tooth is 5mm, 
X is an overlap between the tooth of the armature and 
stator, and Fa is the force acting on the front edge of the 
armature tooth. As shown in Figure 3, Fa decreases to 
less than 70% of the maximum force when X/w1 is larger 
than 0.5. 

0 0.5 10

10

20

30

40

X/w1

F a
 (N

)

Magneto-motive force NI = 800AT

Figure 3 Relationship between X/w1 and Fa

Figure 4 shows the convex tooth shape of the actuator in 
Figure 2. The convex tooth shape in Figure 4 is 
rectangular, the thickness w1 is 5mm, and the interval p1
between the teeth is 11mm. If the convex tooth 
thickness w1 becomes smaller, magnetic saturation 
occurs easily at the root of the convex tooth, and it is 
necessary to make the groove width larger than the tooth 
thickness. Therefore, it is difficult to make shorter 
intervals p1 between the teeth. 
An actuator does not need to move both directions like 
the stepping motor as shown in Figure 1, it only moves 
in one direction. Furthermore, as shown in Figure 3, 
force Fa remarkably decreases when overlap X exceeds 
half of the tooth thickness w1. For these reasons, as 
shown on the dotted line in Figure 4, the rear edge of  

Figure 4 A rectangular tooth shape 

the rectangular tooth was cut slanted, and then the 
intervals of the teeth could be reduced [3]. 
Figure 5 shows the tooth shape of the slanted rear edge. 
In order to shorten intervals between the teeth as much 
as possible, the intervals p2 and the root dimension w2 of 
the teeth were equated. As shown in Figure 5, it is 
possible to make shorter intervals between the teeth, 
even though the root dimension w2 of the teeth is the 
same as the root dimension w1 of the teeth in Figure 4. 
Figure 6 shows the solid shape of the armature with the 
convex teeth of the slanting rear edge, in other words, 
the armature with triangular groove shape teeth. 

Figure 5 Triangular groove shape 

Figure 6 Armature with triangular groove shape teeth 

0 0.5 10
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40

X/w1, X/w2

F a
 (N

)

Magneto-motive force NI = 800AT

Figure 7 Comparison of relations 
between  X/w1 , X/w2 and Fa
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Figure 7 shows the comparison of relations between 
X/w1, X/w2 and Fa when the convex tooth shapes differ 
as shown in Figure 4 and Figure 5. Force Fa was 
measured using the armature with a single tooth. In 
Figure 7, both curves overlap when X/w1, X/w2 is less 
than 0.4, and both maximum forces of Fa are the same. 
Therefore, the convex tooth shape as shown in Figure 5 
can be used on a multi-step pole type actuator, if X/w2 is 
in the range of 0 to 0.4. 
Figure 8 shows the experimental results of relationship 
between X1 and Fa in the case of the armature with a 
single tooth. In these experiments, armature dimensions 
are as follows: the thickness w2 of the armature is 5mm, 
the length E (shown in Figure 5) of the top land of the 
tooth is 2.5mm, and the radial clearance between the 
armature and the stator is 0.05mm. Magneto-motive 
force NI (coil winding number N, current I) was varied 
from 400AT(Ampere Turn) to 2000AT at intervals of 
400AT, and then force Fa was measured. As shown in 
Figure 8, force Fa is proportional to magneto-motive 

-0.5 0 0.5 1 1.5 2 2.50

50

100

150

X1 (mm)

F a
 (N

)

NI
2000AT
1600AT
1200AT
 800AT
 400AT

w2 = 5mm
E = 2.5mm

Figure 8 Relationship between X1 and Fa

-0.5 0 0.5 1 1.5 2 2.5 3 3.5 4 4.5 50
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Y1 (mm)

F b
 (N

)

NI
2000AT
1600AT
1200AT
 800AT
 400AT

w2 = 5mm
E = 2.5mm

Figure 9 Relationship between Y1 and Fb

force NI when X1 is less than 2mm and NI is less than 
1200AT. 
Figure 9 shows the relationship between distance Y1 and 
force Fb (the inverse working direction of Fa), in the 
case of the armature with a single tooth, same the 
armature as in Figure 8. As shown in Figure 9, force Fb
increases with increasing magneto-motive force NI, and 
Fb is relatively large even if distance Y1 is 1mm. 
In the multi-step pole type electro-magnetic actuator, 
force Fa and Fb can be used to calculate the thrust force 
Fn of n-step as follows [3]. 

ban )1( FnnFF        (1) 

Figure 10 shows characteristics of a 10-step (n=10) pole 
type actuator in the case of varying teeth thickness w2
from 5mm to 8mm. Forces Fa and Fb were measured 
using the armature with a single tooth as in Figure 8 and 
Figure 9. Then, F10 was calculated by using Eq. (1). 
When the length E of the top land is 2.5mm, the more 
the teeth thickness w2 thickens, the more the interval of 
the teeth extends and Fb decreases. Therefore, as shown 
in Figure 10, F10 increases with increasing teeth 
thickness w2, and the range of X10 in which thrust force 
F10 becomes constant is spread. However, the curve of 
w2 =7mm is similar to the curve of w2=8mm. The length 
of the actuator in the case of w2=7mm can be made 
shorter than that of the case of w2=8mm. Therefore, the 
actuator with the teeth thickness w2=7mm was selected 
for designing the actuator as follows. 

-0.5 0 0.5 1 1.5 2 2.50
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200

300

400

X10 (mm)

F 1
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N
)

NI 800AT

w2 5.0mm

7.0

6.0

8.0

5.5

Number of teeth n 10
Length of top land E 2.5mm

Figure 10 Relationship between X10 and F10
in the case of varying w2

EXAMINATIONS OF 10-STEP POLE TYPE 
ACTUATOR 

Figure 11 shows a structure of the designed 10-setp pole 
type actuator. In this actuator, the length E of the top 
land of the convex teeth is 2.5mm and the teeth 

Fa

X1

Fb

Y1
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Figure 11 Structure of a 10-step pole type actuator 

thickness w2 is 7mm. This actuator is composed of an 
armature with a shaft, stator and coil. The coil is wound 
N turns on the winding guide around four side of the 
armature as shown in Figure 11 upper view (B-B 
section). This winding guide is fixed to the stator by 
bearing plates. The bearing plates (non-magnetic 
material) are installed and fixed at both ends of the 
stator. The shaft of the armature is supported by those 
plates. When the current I flows through the coil, 
magneto-motive force NI is about 800AT (Ampere 
Turn) at an electric power consumption of 15W in the 
10-step pole type actuator. 
Now, the armature position is indicated as X10, and the 
position when front edges of the convex teeth of the 
armature and the stator are just encountering each other 
is defined as X10=0mm in Figure 11 (lower right view). 
The thrust force F10 is generated and the armature 
moves to the left when the current flows through the 
coil. 
Figure 12 shows the relationship between NI and F10 in 
the 10-step pole type actuator. Here, the value of F10 is 
calculated using Eq. (1) by using the measured value Fa

and Fb of the actuator with a single tooth armature. 
Figure 12 shows the curve when X10 is 1mm. As shown 
in Figure 12, the thrust force F10 is in proportion to the 

0 1000 20000
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8000 15 60 135

NI (AT)

F 1
0 (

N
)

X10 = 1mm 

Electric power consumption (W)

Figure 12 Relationship between NI and F10
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magneto-motive force NI in the range of 100AT to 
1200AT. Furthermore, the thrust force F10 increases with 
the increasing magneto-motive force NI until electric 
power consumption of 60W, and F10 does not tend to 
saturate remarkably. 
Figure 13 shows the relationship between X10 and F10.
The calculated value of F10 is similar to the calculated 
value of F10 in Figure 12. As shown in Figure 13, the 
variety of thrust force F10 curves is small, in the range 
of 0 to 2mm of X10. In this range, the thrust force F10 is 
about 300N at an electric power consumption of 15W 
(magneto-motive force of 800AT). Furthermore, a larger 
thrust force can be gained by increasing the electric 
power consumption more than 15W. 

-0.5 0 0.5 1 1.5 2 2.50

100

200

300

400

500

600

X10 (mm)

F 1
0 (

N
) 30W(1131AT)

60W(1600AT)

15W(800AT)

Number of teeth n 10
Length of top land E 2.5mm

Figure 13 Relationship between X10 and F10

COMPARISON OF THRUST FORCE 
CHARACTERISTICS WITH THE OTHER 

ACTUATORS 

Figure 14 shows a comparison of the thrust force 
characteristics of the 10-step pole type actuator with 
conventional proportional solenoids and linear motors 
of the same installation area to the valve body, and 
length. In Figure 14, the axis of abscissa shows electric 
power consumption at room temperature. Plotting points 
are indicated at the catalogue value of A company for 
the linear motor, the catalogue value of B company for 
the proportional solenoid (1) and the measured value for 
the proportional solenoid (2). As well, the thrust force 
values on the curve of linear motor were calculated as 
the force is proportional to current of coil. When current 
flows through the coil in the actuator, the coil 
temperature rises. In this designed actuator, a rated 
electric power consumption of 15W at room 
temperature is proper for the allowable temperature of 
the coil [2]. As shown in Figure 14, the thrust force of 
the actuator is about 2.5 times as large as that of 
conventional proportional solenoids and linear motors at 
15W. 

0 20 40 60 80 1000

200

400

600

Electric power consumption (W)

Th
ru

st
 fo

rc
e 

(N
)

Proportional solenoid (1)
Linear motor

Proportional solenoid(2)

Multi-step pole type(n = 10 , X10 = 1mm

Figure 14 Comparison thrust force characteristics 
of electro-magnetic proportional actuators 

CONCLUSIONS 

In this study, an electro-magnetic proportional actuator 
composed of an armature and a stator with multi convex 
teeth to control the oil hydraulic valves was newly 
designed. A rectangular shape and a shape that is cut 
slanted to the rear edge of the rectangular convex teeth 
were examined. A 10-step pole type actuator with 
convex teeth was newly designed. Length E of the top 
land of the convex teeth of the armature and the stator is 
2.5mm, teeth thickness w2 is 7mm. The dimensions of 
this designed actuator are 52mm height, 68mm width 
and by 102mm length. As results of estimation of the 
thrust force of this designed actuator, it became clear 
that its thrust force was constant within 2mm of the 
armature stroke, producing about 300N at an electric 
power consumption of 15W. 
The thrust force of this actuator is about 2.5 times as 
large as that of conventional proportional solenoids and 
linear motors of the same installation area to the valve 
body, length and electric power consumption. 
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ABSTRACT 

Air entrainment in working fluids has great detrimental effects on function and lifetime of the fluid power components 
and systems. It is important to eliminate the air bubbles from the working oil to preserve oil quality, system 
performance, and to avoid possible damage of the components. In view point of environmental compatibility, energy 
saving, cost saving, and high efficiency, one trend in fluid power systems is for them to be designed in a more compact 
fashion, requiring less fluid in the reservoir and long lifetime of the working oil. A new device using swirl flow for 
bubble elimination capable of eliminating bubbles and of decreasing dissolved gases has been developed. In this paper 
we focus on the technical issue for the air bubbles and aging behavior of the hydraulic oil. In order to investigate the 
effectiveness of the developed bubble elimination device, changes of oil degradation were experimentally measured on 
our laboratory test bench under the pump operating conditions during 456 hours of continuous running. Oil specimens 
are sampled and change of a total acid number and a color is investigated as a function of the working time. 

KEY WORDS  

Bubble elimination, Environmental compatibility, Long lifetime of oil, Total acid number   

NOMENCLATURE 

P1 : atmospheric pressure 
P2 : supplied pressure 
T1 : ambient temperature 
T2 : temperature of compressed bubble 

  : specific heat ratio of air 

INTRODUCTION 

In the 21st century, prevention of global warming and 
consideration for environmental compatibility are the 

most important problems for sustainable development of 
human beings. Recent energy prices and raw material 
costs are soaring into the stratosphere. Status of fluid 
power components and systems is becoming an 
increasingly severe situation. Improvement in efficiency 
of current uses of fluid power in industries saves energy 
costs. Meanwhile the advantage of fluid power is to be a 
compact, portable and powerful actuation.  
In view point of environmental compatibility, energy 
saving, cost saving, and high efficiency, one trend in 
fluid power systems is to design in a more compact 
fashion, requiring less oil in the reservoir and long 
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Figure 2 Flow visualization of trapped bubble 

Figure 1 Principle of bubble eliminator 

lifetime of the working oil. 
All hydraulic fluids contain an amount of dissolved air, 
which can be released when the pressure is decreased 
rapidly from the high pressure to the atmospheric 
pressure conditions. A cavitation occurrs and bubbles 
can be created under these conditions. This can occur at 
valves and orifices, as well as where the fluid returns to 
the reservoir. Moreover, in mobile hydraulic systems, 
hydraulic fluids are accumulated, splashed and agitated 
in the reservoirs. Under these conditions air is sucked 
into the hydraulic fluid. To overcome air entrainment in 
hydraulic fluids, the overall dimensions should enclose 
a sufficient volume of oil to permit air bubbles to escape 
passively during the stationary time of the fluid in the 
reservoir. These design policies turn the clock back to 
more compact design of fluid power systems.  
Air entrainment in working fluids has great detrimental 
effects on function and lifetime of the hydraulic fluids 
or the fluid power components and systems. The 
entrained air may cause major problems [4], such as 
bulk modulus change, cavitation and aeration, noise 
generation, oil temperature rise [2], and deterioration of 
oil quality [1]. Especially, when bubbles in oil are 
adiabatically compressed at high pressure in piston 
chambers of pump, the temperature of the bubble rises 
sharply, the surrounding fluid temperature also rises, 
and the oil degradation is accelerated. Thus, it is 
important to eliminate the air bubbles from the oil to 
preserve oil quality, system performance, and to avoid 
possible damage of the components.   
One of the authors has developed a new device that 
could effectively eliminate air bubbles from working 
oils [5]. This device is called a bubble eliminator.     
In this paper we focus on the technical issue for the air 
bubbles and aging behavior of the hydraulic oil. In order 
to investigate the effectiveness of the developed bubble 
elimination device, changes of oil degradation are 
experimentally measured on our laboratory test bench 
under the pump operating conditions during 456 hours 
of continuous running. Oil specimens are sampled and 
change of a total acid number is investigated as a 
function of the working time. It is experimentally 
confirmed that the bubble elimination prevents the 
degradation of hydraulic oils.  

BUBBLE ELIMINATOR 

Figure 1 illustrates the structure and principle of the 
bubble eliminator. It consists of an inlet tube having two 
inlet ports, a tapered tube chamber and a straight tube. 
When the oil with bubbles flows tangentially into the 
inlet tube, a spiral flow generates in the inlet tube and 
the tapered tube chamber. The air bubble is separated 
from the working oil and trapped near the central axis 
by a swirling flow, because the weight of the air bubble 
is lighter than the oil. The pressure along the central axis 
diminish toward the end of the tapered tube chamber 
and recovers gradually along the straight tube. The 
trapped bubbles gather together and form an air column. 
Figure 2 shows an experimental result of flow 
visualization using a transparent bubble eliminator. 
When backpressure is applied and a vent port is opened, 
all collected bubbles are pushed out and ejected from a 
vent port. The vent port is normally leaved open and the 
collected bubbles are continuously ejected and returned 
to a reservoir with a small amount of oil. 
The bubble eliminator has a simple structure and direct 
connection of in-line installation of hydraulic circuits. In 
addition, it is an energy saving device, because it can 
remove air bubbles efficiently with only flow energy 
through the hydraulic circuit without a supplementary 
power source. The bubble eliminator has a good 
performance of eliminating bubbles from the working 
oil [3]. 
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Figure 4 Temperature rise under adiabatic process 

DETERIORATION OF OIL 

The main cause of the deterioration of hydraulic fluids 
is oxidation with oxygen under high pressure and high 
temperature conditions. A typical solution to improve 
the oxidation stability of the hydraulic oil is to use 
additives to the oil. In more compact, high pressure and 
high performance of fluid power systems, the oxidation 
stability of commercial hydraulic oils is becoming 
insufficient for hydraulic designers. 
Figure 3 illustrates a heat generation process of a 
compressed air bubble in oil. When air bubbles in oil are 
compressed quickly at high pressure in chambers of a 
pump, the temperature of the bubble rises sharply, and 
the surrounding oil temperature also rises. If the 
compressed process is accomplished quickly by the 
pump at high pressures, the change of process is 
assumed to be adiabatically. The assumption of the 
adiabatic compressed process of the air leads to a 
relationship between a temperature ratio T2/T1 and a 
pressure ratio P2/P1 as following Eq. (1). 

1

1

2

1

2
P
P

T
T     (1) 

where T1 is an initial temperature or ambient 
temperature of the air bubble, T2 is the temperature of 
the compressed air bubble, P1 is initial or atmospheric 
pressure, P2 is a supplied pressure by the pump and 
(=1.4) is a specific heat ratio of air. 
Relationship between the supplied pressure P2 and the 
temperature ratio T2/T1 is plotted in Fig.4. The initial 
pressure P1 is fixed at atmospheric pressure of 100 kPa. 
When the oil with bubbles is compressed at 28 MPa in 
the pump, the temperature of the compressed air bubble 
T2 rises by a factor of five to the ambient temperature T1.
If the ambient temperature, T1 stands at 300 K (=27 °C), 
the temperature of the compressed air bubble, T2
adiabatically rises to 1500 K (=1227 °C).    
Under highly pressure conditions, the temperature of the 
air bubble dramatically rises and the surrounding oil is 
locally situated under the elevated temperature at the 
moment. During the compression of air bubbles in the 

oil volume ignition and combustion occur due to the 
rising temperature on the boundary surface between the 
bubbles and the oil. The high temperatures, locally 
caused by compression, affect an accelerated aging of 
the oils. 

EXPERIMENTAL INVESTIGATION FOR 

INFLUENCE OF BUBBLES 

We focus on the technical issue to eliminate the air 
bubbles entrained in the oil to prevent troubles caused 
by bubbles. The oil degradation is accelerated with an 
effective oxygen supply of air, the most influential 
factor in shortening the life of the oils.  
In order to investigate the effectiveness of the developed 
bubble eliminator experimentally, changes of oil 
degradation are observed under two different conditions 
of bubbles for normal pump operating conditions. 

Test Bench  

An experimental hydraulic circuit of the laboratory’s 
test bench for oil degradation is illustrated in Fig.5. The 
oil pressurized by an axial piston pump flows through a 
relief valve and returns to the reservoir. A relief valve is 
set at a supply pressure of 7 MPa. The downstream line 
of the relief valve is divided into two lines. One goes 
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Figure 5 Experimental hydraulic circuit for oil degradation 

through the bubble eliminator and oil cooler to the 
reservoir. Another goes though the bypass line, in which 
a stop valve is incorporated and the relief valve to the 
reservoir. 
During the test, the oil temperatures are kept at 
60±1.5 °C with the oil cooling system by tap water. The 
test is performed for base stock of mineral based oil. An 
oil specimen of 60 cm3 is sampled once for every 24 
hours during continuous running. The changes of the oil 
properties are investigated as a function of the working 
times. 
Three analytical items and procedures, a visual 
determination of color regulated by ASTM D1500, a 
deposit measured by millipore filter methods and a total 
acid number (TAN) regulated by ASTM D974, are 
selected to investigate the change of the oil property as 
an analysis of evaluation for the degradation of oils. 

Test-1: Pure Base Stock Oil 

In the first experiment, a test is performed for the pure 
base stock oil having viscosity of 32mm2/s, having no 
influence by oxidation inhibitor and anti-wear additive. 
The pump delivery flow rate is adjusted at a constant 
value of 9 liter/min. A relief valve is set at a supply 
pressure of 7 MPa.  
The test conditions are tabulated in Table 1. Different 

parameters such as the bubble eliminator “Unmounted” 
or “Mounted” are set for the given pump delivery 
conditions by opening the throttle valves of No.2 or 
No.3. In cases of air blowing “on”, 660cm3/min air is 
blowing from the pump suction side. 
The changes of the color and the deposit are 
investigated as a function of the operating time of 96 
hours in both cases. Figure 6 and Fig.7 show the change 
of the analytical data on the deposit and the color 
plotted as a function of working time, respectively.  
Using the bubble eliminator slightly prevents the change 
of the deposit and the color of the oil. After test running 
for both cases, much wear debris of the metal in the oil 
specimen was measured at the end of the test. It should 
be mentioned that much metal debris is observed in the 
deposit of the oil in cases A and B. Under poor lubricity 
caused by supplied air, the wear debris is created on the 
boundary surface of the pumping elements during 
pressure build-up.  
During 96 hours continuous running, however, no 
significant difference can be measured in the results of 
the TAN change in both conditions. In both test 
conditions, we were not able to keep on carrying out 
pump running tests, because there was much wear 
debris in the oil, friction greatly increased and the 
pumping elements seized.  
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Table 1 Test-1 conditions 

Case Air 
blowing 

Working 
time [h] 

Bubble 
eliminator

A On 96 Unmouted 
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Oil: Base stock without additive 
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  Figure 6 Deposit change in pump test-1 
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  Figure 7 Color change in pump test-1 

Table 2 Test-2 conditions 

Case Air 
blowing

Working time 
[h] 

Bubble 
eliminator

C On 456 Unmouted 
D On 456 Mounted 

Oil: Base stock with anti-wear additive 
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 Figure 8 Change of total acid number in pump test-2

Test-2: Base Stock Oil with Anti-Wear Additive 

The next test is performed for the base stock of mineral 
based oil with the only anti-wear additive having 
viscosity of 32 mm2/s. The newly pump delivery flow 
rate is adjusted at a constant value of 23 liter/min. The 
relief valve is set at a supply pressure of 7 MPa. Oil 
specimen of 60 cm3 is sampled once for every 24 or 48 
hours during continuous running. The changes of the oil 
property are investigated as a function of the working 
times of 456 hours for the both data. 
The test conditions are tabulated in Table 2. Air is 
forced to be blowing of 690 cm3/min, 3% versus the 
pump delivery flow rate at the suction side of the pump. 
Figure 8 shows the changes of the total acid number as a 
function of working times. If the air bubbles in the oil 

are not removed in case C, the oil with the air bubbles 
compressed adiabatically and the temperature of the air 
bubbles rose higher. The application limits of the total 
acid number for hydraulic systems are less than 0.2 mg 
KOH/g. In case C, the blowing air and cavitation air 
cause degradation of oil, and the change of TAN 
increases and exceeds applicable limits on the working 
times of 350 hours. Judging from the comparison of the 
plots of C and D, the TAN change becomes steeper 
when no bubble elimination is use. In case D, the 
blowing air together with cavitation air are eliminated at 
the downstream side of the relief valve by the bubble 
eliminator and the TAN rise can be prevented.  
No significant difference can be observed in the results 
of the color change in both of our experimental 
conditions. The color change should not be regarded as 
an obvious indication for an advance degradation of oil. 
Comparison between the case C and D leads to the 
conclusion that the bubble eliminator is useful in 
making oil lifetime longer. 

CONCLUSIONS 

In this paper we focus on the technical issue for the air 
bubbles and aging behavior of the hydraulic oil. When 
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the oil with air bubbles is pressurized, the oil 
degradation is accelerated. It is experimentally verified 
that bubble elimination prevents oil degradation. Active 
removal of air bubbles from the working oil is to realize 
long lifetime of working oils.  
Use of the bubble eliminator may allow the hydraulic 
designer to reduce the system’s reservoir size, extend 
fluid’s useable life and realize environmentally friendly 
design of fluid power systems.   
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ABSTRACT 

The new generation algorithm of time domain drive signals is presented to reduce the loop time in MIMO(multi input 
multi output) random vibration control system. The Parks-McClellan method is used to design the FIR (finite impulse 
response) filter. And then the drive signals in time domain is generated by filtering a series of independent white noise 
with the designed filter. For avoiding the time domain randomization process in the conventional frequency-to-time 
transformation, the new method is favorable to improve the real-time property of the control system. Two tests are run 
in one 6 DOF(degree of freedom) hydraulic shaker with the conventional algorithm and the improved algorithm 
differently. The results demonstrate the effectiveness of the improved algorithm. 

KEY WORDS 

Shaker, MIMO random vibration, FIR filter 

NOMENCLATURE 

f : frequency 

)( fB  : the error PSD between the reference and the 

control signals 

)(cc fG  : the averaged PSD of control signals 

)(dd fG  : the averaged PSD of drive signals 

)(cd fG  : the averaged cross-spectral density of the 

control and drive signals 

jf )(ddG  : the drive signals PSD after j times iterations 

1dd )( jfG  : the drive signals PSD after j+1 times iterations 

)( fH  : frequency response function matrix 

)( fZ  : impedance matrix 

  : iteration step size 

)( f  : phase frequency characteristic of the FIR filter 

)( f  : phase frequency characteristic of the drive  

signals PSD 

)( f  : linear phase 
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INTRODUCTION

The shaker is always used for the simulation of actual 
vibrations to adequately test devices prior to their actual 
use. The vibrations caused by many natural phenomena 
and man-made systems are random in nature and are 
not restricted to specific frequencies. These vibrations 
are often defined in terms of statistical quantities such 
as the acceleration spectral density or PSDP

[1]
P. In order 

to adequately test many devices prior to their actual use, 
it is necessary that the PSD, the devices be subjected in 
actual usage, are replicated accurately in the shaker. 
Due to the limit of the frequency bandwidth and the 
nonlinear of the system, the servo control can’t meet the 
needs of the PSD replication precision. So the vibration 
control algorithm is used to improve the control 
precision of PSD replication[2].
FISHER & POSEHN[3] preformed some early work on 
MIMO random control in 1977. The interactive 
closed-loop control algorithm of random vibration was 
presented in their paper. Smallwood and his 
co-workers[4] significantly contributed to the progress in 
MISO (multi-input single-output) random control. 
Stroud & HAMMA[2] generalized the progress of 
vibration control in 1988 and presented the swept-sine 
and random vibration algorithms with single shaker and 
multi shakers. Underwood[5-6] presented the adaptive 
control method of MIMO swept-sine in 1994. 
In the conventional PSD replication algorithm, the drive 
signals in time domain is generated by frequency 
domain randomization and time domain randomization. 
The time domain randomization consists of delay, 
reversal, windowing and overlapping of the 
pseudo-random signal generated by frequency domain 
randomization. For the complexity of time domain 
randomization, the conventional PSD replication 
algorithm takes a long time to generate the drive signals 
in time domain.  
The new generation algorithm of time domain drive 
signals is presented in this paper to reduce the loop time 
in random vibration test. With the information contained 
in the drive signals PSD, the Parks-McClellan method is 
used to design the FIR filter. The white noise filtered by 
the designed filter is used as the time domain drive 
signals in the test. The 6 DOF random vibration test are 
used to verify the validity of the new algorithm. 

GENERATION OF TIME DOMAIN DRIVE 
SIGNALS WITH FIR FILTER 

Randomization Method
Figure 1 shows the principle of the conventional 
method to generate the time domain drive signals. 

Figure 1  Generation of drive signals with time domain 
randomization 

It can be seen from Figure 1 that the conventional 
method consists of 4 steps. 
(1) Cholesky decomposition: Convert the drive PSD to 
amplitude spectrum with cholseky decompose. 
(2) Frequency domain randomization: Generate the 
random phase of Gauss distribution and convert the 
amplitude spectrum to spectrum. 
(3) Inverse Fourier transformation: Convert the 
spectrum to pseudo-random signals with inverse Fourier 
transformation. 
(4) Time domain randomization: Convert the 
pseudo-random signals to true-random signals through 
delay, reversal, windowing and overlapping. 
For the complexity of time domain randomization, the 
classical PSD replication algorithm takes a long time to 
generate the drive signals in time domain. 
Filter Method
With the information contained in the drive signals PSD, 
the Parks-McClellan method is used to design the FIR 
filter. The drive signals in time domain is generated by 
filtering a series of independent white noise with the 
designed filter. Figure 2 shows the principle of the filter 
method. 

Figure 2  Generation of drive signals with FIR filter

From the filter design theory we know that filters 
designed using the Parks-McClellan method have equal 
ripple in their passbands and stopbands. For this reason, 

Amplitude spectrum 
of drive signals 

Filter

PSD of drive 
signals

Time domain 
drive signals

Cholesky 
decomposition 

Design FIR filter 

Filtering

White noise 

Amplitude spectrum 
of drive signals 

Spectrum of drive 
signals

Pseudo-random drive 
signals

PSD of drive 
signals

Time domain 
drive signals

Cholesky 
decomposition 

frequency domain 
randomization 

Inverse FFT 
transformation 

Time domain 
randomization 

296Copyright © 2008 by JFPS, ISBN 4-931070-07-X



they are often called equiripple filters. They represent 
the most efficient filter designs for a given specification, 
meeting the frequency response specification with the 
lowest order filter[8]. The filters are optimal in the sense 
that they minimize the maximum error between the 
desired frequency response and the actual frequency 
response.  
From the stochastic process theory we know that

Hffff )()()()( ddcc HGHG        (1) 

If the drive signal is white noise, the value of )(dd fG
is constant. Assuming af )(ddG , we can get 

aff )()( ccGH         (2) 

)( fH  is just the amplitude frequency response 
characteristics of the FIR filter. If the PSD of input 
white noise signal is a, the PSD )(cc fG  of the output 
signals can be got when the FRF of the system satisfy 
Eq (2).  
Adding the linear phase  to the phase frequency 
characteristics of the drive signals PSD, we can get the 
phase frequency characteristics of the designed FIR 
filter as 

)()()( fff           (3) 

)( f  is given by 

2
)( Mff             (4) 

Where M is the order of the FIR filter. 
With the known amplitude and phase frequency 
response characteristics of the FIR filter, the remez
function in the signal processing toolbox in Matlab can 
be used to design the FIR filter using the 
Parks-McClellan method[9].

THE IMPROVED ALGORITHM OF MIMO 
RANDOM VIBRATION CONTROL 

The schematic diagram of the improved random 
vibration algorithm is shown in Figure 3. The drive 
signals PSD is corrected by the impedance of the 
system and the deviation between the reference PSD 
and the control signals PSD, so that the reference PSD 
is replicated in high precision in the output of the 
system. 
Figure 3 shows that the random vibration algorithm 
consists of the FRF estimation, the impedance 
computation, the correction of drive signals PSD and 
the generation of the drive signals in time domain.

Figure 3  Schematic diagram of MIMO random 
vibration control algorithm 

FRF Estimation and Impedance Computation
Let the drive signals of n in n out system be 

nitdi ,,1),(  and the response signals be 
nitci ,,1),( . The FRF H1 estimator is always used 

in vibration control system[11]. The H1 estimator is 
given by 

1
ddcd )()()( fff GGH          (5) 

)( fH  is a n×n complex matrix for every frequency. 
The inverse of FRF is called the impedance. Let )( fZ
be the impedance, we can get 

1)]([)( ff HZ            (6) 

Correction of Drive Signals PSD 
Defining the reference PSD as )( fR  and the control 
signals PSD after j times iterations as jf )(ccG , we can 
get the error PSD as  

jj fff )()()( ccGRE        (7) 

The drive signals PSD is corrected by 

H
jjj fffff )]([)()()()( dd1dd ZEZGG     (8) 

The value of  needs to be corrected by operator 
during the tests. Generally speaking, if the estimated 
FRF matrix matches the true FRF within some 
acceptable error margin, Eq.(8) is convergent with the 

 value chosen between 0 and 1. The global 
convergence property of Eq.(8) is waiting to be 
proved[5].
Generation of Time Domain Drive Signals 

Reference 
PSD

Computation 
of error PSD 

Identification
of FRF matrix

Computation 
of impedance 

matrix 

Correction of 
drive signals 

PSD

Design FIR 
filter

Shaker and load 

Estimation of 
response PSD

Measurement 
of responseWhite noise
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Based on Eq.(2), the remez function is used to design the 
FIR filter with the information contained in the drive 
signals PSD. And then the drive signals in time domain 
is generated by filtering a series of independent white 
noise with the designed filter. 
Accuracy Test 
The two indexes used to test the precision of random 
vibration are the RMS value and the frequency domain 
error between the control and reference PSD. The 
former is used to test the energy difference of the two 
PSD. The latter is used to compute the frequency 
domain errors of the two PSD and is more visualized 
and specific than the former. So we take the latter index 
to test the precision of random vibration. The frequency 
domain error )( fB  is given by  

)(
)(

)( cc

f
f

f j

R
G

B             (9) 

The nearer )( fB  is to 1, the higher the random 
vibration precision is. Chinese standard[12] specify that 

)( fB  should be controlled within 3dB in single axis 
random vibration test. 

TEST AND RESULTS 

Two MIMO random vibration tests are run in one 6 
DOF hydraulic shaker. The first test is to generate time 
domain drive signals with time domain randomization. 
And the second test is to generate time domain drive 
signals with FIR filter. 
The structure of the shaker is shown in Figure 4. The 
three translation direction is defined as x, y and z. The 
three rotation direction is defined as Rx, Ry and Rz.

Figure 4  Structure of 6 DOF hydraulic shaker 

The reference PSD is generated by MATLAB and the 
shape is the same in 6 DOF. The reference PSD consists 
of three segments. The rising spectrum is from 2 to 5Hz. 
The flat spectrum is from 5 to 60Hz. The ascent 
spectrum is from 60 to 70Hz. The PSD of flat spectrum 
is 3×10-4g2/Hz in translation and 2.1×10-3(rad/s2)2/Hz in 
rotation.
Figure 5 shows the amplitude frequency response 
characteristic of the diagonal elements of the measured 
FRF matrix. Where Hf11 presents the amplitude 
frequency response characteristic of the element located 
in first row first column of the FRF matrix. It means the 
amplitude frequency response characteristic of x DOF.  

Figure 5  Amplitude frequency response 
characteristics of FRF matrix diagonal elements

For the amplitude frequency response characteristic of 
FRF matrix has different deviation to 0 dB in different 
frequency, we know that the control would has great 
bias to the reference if with no compensation. So the 
MIMO random vibration control algorithm is needed to 
improve the control precision. For the sake of simplify, 
the test results in z and Rz direction are only shown in 
Figures 6-7. 
Figure 6 shows the results after twice iterations in the 
first test in which the drive signal is generated with time 
domain randomization. Figure 7 shows the results after 
twice iterations in the second test in which the time 
domain drive signals is generated by filtering a series of 
independent white noise with the filter designed by 
Parks-McClellan method. It can be seen from Figures 
6-7 that the control PSD has been controlled within 
3dB tolerance of the reference PSD in the whole 
frequency band. Excellent test result has been achieved 
in these two tests. But the time spent in the generation 
of time domain drive signals in second test is less half 
than that spent in first test. So the loop time is reduced 
greatly in second test. 
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a) z

b) Rz

Figure 6 z and Rz test results in first test 

a) z

b) Rz

Figure 7  z and Rz test results in second test

From the comparison between Figure 6 and Figure 7 we 
know that the control PSD in the first test is smoother 
than that in second test. The drive signals generated by 
time domain randomization have some 
pseudo-randomness. The energy of the control signals 
generated by these drive signals converges in the 
original frequency certainly. While the drive signals 
generated by filter is the random signals in true means. 
The energy of the drive signals is evenly distributed in 
the whole frequency band of the pass band of the 
designed filter. This is the main reason of the poor 
flatness. But the control precision is high enough to 
satisfy the requirement of MIMO random vibration. 

CONCLUSIONS 

A new algorithm is presented to generate time domain 
drive signals. The Parks-McClellan method is used to 
design the FIR filter and the drive signals in time 
domain is generated by filtering a series of independent 
white noise with the designed filter. Test results verify 
the validity of the new method. 
The performance of the improved MIMO random 
vibration control algorithm is verified by a realistic 
simulation. The excellent test results indicate that the 
improved algorithm is favorable to reduce the loop time 
in MIMO random vibration control system. 
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ABSTRACT 

A variable displacement axial piston pump with Pressure compensator  and Load Sensing control is coupled to a diesel 
engine. The pump is in an open circuit topology for load control in a typical excavator, skid-steer or front loader circuit. 
The active torque generated by the engine is subject to overloads, due to uncontrolled priority and sum of torque 
requests from hydrostatic transmission, implements and upper-structure control. In order to avoid engine overload a 
third 2 ways proportional valve is added to the control circuit. The valve controls the delivery pressure on the load 
sensing valve port, and the pressure is managed by an electronic system. This circuit architecture allow the designer to 
use the valve as a variable load sensing system, modifying the load sensing differential pressure depending on working 
conditions. The control must be in real time and a feed forward control based on the valve characteristic map is useful 
and helpful but a feedback control is needed to correct the steady state error; a PID and a Sliding mode are 
superimposed, in order to react to high dynamic transient. The controls runs properly on the bench and the advantages 
are: more engine efficiency and continuously working capacity, adapting load sensing pressure a more efficient use of 
power is possible. 

KEY WORDS  

Load Sensing, Engine Overload, Pressure Control, Proportional Valve, Sliding Mode 

NOMENCLATURE 

CAN: Controller Area Network  
D : Pump Displacement  
I : Valve Control Current (mA)  
LVDT : Linear Voltage Differential Transformer  
Q : Pump Flow  
PC : Control Pressure  
PD : Delivery Pressure 
PL : Load Pressure 

PS : Pump Swashplate Piston Control Pressure 
PT : Load Sensing Calibration Pressure 
PWM : Pulse Width Modulation Control Signal 

 : Pump Swashplate angle (deg) 
 : engine rotational speed (rpm) 

INTRODUCTION 

The increasing cost of petrol and the increasingly 
restrictive European and American regulations for 
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pollution control and reduction make electro-hydraulic 
solutions for open circuit application in load control in 
earthmoving machines, attractive and cost effective .s. 
In the market of compact and mid-size excavators, 
skid-steer loaders, front and backhoe loaders, the “state 
of the art” solution for the implements open circuit, is a 
variable displacement axial piston pump with tandem  
pressure control and load sensing control hydraulic 
valves. Manufacturers require new solutions in order to 
comply with regulations, to reduce machine 
maintenance costs, to increase reliability and safety. At 
the same time electronic systems are increasing their 
role in the hydraulic systems design, and a more strict 
relation between flexibility, adaptability and electronic 
systems modifies the market profile in the same way 
this happened fifteen years ago for passenger cars 
market. 

THE PLANT 

The plant designed and realized in a test bench at 
IMAMOTER Institute is equipped by a mechanically 
controlled diesel engine  and a driveline that is coupled 
with a variable displacement axial piston pump with 
pressure and load sensing control.  

Figure 1 Circuit schematic (Pressure Compensator not 
shown) 

The pump is designed for open circuit, reproducing the 
actual arrangement for an earthmoving machine. The 
load pressure is controlled by a servovalve placed in the 
position marked by PL in Figure 1. The directional 
valves flow request is determined by an electronically 
controlled proportional distributor. 
The Axial Piston Pump is a LVP type Casappa 65 cc. 
variable displacement axial piston pump equipped by a 
pressure compensator and a load sensing controller. PL 
is connected to the load sensing port of the LS 
compensator, while the delivery pressure is connected 
both to the P port of the pressure compensator and at the 
P port of the load sensing valve. 

THE SOLUTION TARGET 

The purpose of the project is to design an 
electro-hydraulic system that can represent a 
retrofittable solution for existing systems, capable to 
add the functionality of anti-stall of the i.c. engine and, 
if a torque estimate is available, capable to perform a 
torque control or torque limitation. 
The aim is compliance to European regulations, and the 
target application is torque and speed limitation in 
mobile application. The implementation of the system is 
investigated with the purpose to inherit the stability of 
the hydraulic Load sensing controls, because a complete 
electronic solution isn’t cost effective for mobile 
applications, yet, due to the higher cost of both a three 
way proportional valve with high pressure limit and a 
position feedback (typically an LVDT sensor) and an  
high-end electronic control system. 

THE ELECTRO-IDRAULIC CONTROL SYSTEM 

The simplest solution found does not imply the design 
of new integrated components. The system is equipped 
by a third electronically controlled two-way pressure 
regulation proportional valve . The valve characteristic 
is very attractive because of a good linearity of the 
regulated pressure as a function of the control current 
provided to the valve coil (Figure 2). 

Figure 2 Proportional Valve Characteristic (Current vs. 
regulated pressure) 

The valve P port is connected to the delivery pressure 
PD of the circuit with a calibrated orifice, the A port is 
connected to the load sensing port of the pump  flow 
compensator, and the T port is connected to the 
reservoir.  
Two pressure sensors are placed into the system: one at 
the load port downstream the directional flow request 
valve in order to acquire the load sensing pressure PL,
and another at the load sensing port of the load sensing 
valve, in order to sense the controlled pressure PC
(Figure 3). 
The first goal of the electronic control system is to copy 
the load sensing pressure at the A port of the two way 
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proportional valve in order to reproduce the load 
sensing control conditions of the hydraulic circuit.  
The load sensing control is properly performed by the 
system only if: 

LC PP       (1) 

As a first need the controller and the valve must follow 
the load pressure with a limited delay, in order to avoid 
flow loss or pressure transient worse than the original 
hydraulic solution.  
In order to regulate the anti-stall control a third , 
hall-effect engine speed sensor in the driveline was 
placed in the system. The only other sensor in the 
system is the current provided to the valve control 
feedback in the embedded electronic controller.  

Figure 3 Pump LS and RP valves with the two-ways 
proportional electro-valve and PC sensor 

As per the system structure, PL and PC are measured by 
the electronic controller and PD can only be inferred. 
This control structure allows to control LS both in a 
traditional and in an adaptive way, simply introducing 
an offset by the electronic controller. PL is not exactly 
reproduced but rather an error is added that can be 
varied depending on the engine working point and/or 
machine working point, taking into account all the 
torque request by other hydraulic systems connected to 
the engine. 
The new LS control equation can be written as: 

),,( TPEPP LTLC      (2) 
Where T is the sum of the Torque requests to the 
engine and ET is the Electronic Tuning result as a 
function of the three variables in brackets. 
The load sensing differential pressure at the load 
sensing hydraulic compensator  

),,( TPEPPPPP LTLDCD
   (3) 

allows to modify the P as the implemented controls 
request. If, for example, an incipient stall condition is 
recognized, a P greater than the actual  (PD-PL) can be 
generated varying the 2-way valve working point, in 
order to reduce the pump flow and then the torque 
requested to the engine until the engine speed returns 
inside the allowable range. In the same way, if an 
external request is performed, for example by the CAN 
network, a similar action can take place. 

SYSTEM CONSTRAINTS

As in the largest part of industrial and mobile 
applications, the cost reduction forces some design 
choices: Casappa called for the usage of a handy 
electronic control unit used for fan drive application, 
where real time constraints are less restrictive. A 10 
MIPS (theoretical) 8 bit RISC microcontroller was used, 
optimizing the computational performance, reaching the 
minimum task repetition time of 3 ms, that we found as 
being the minimum for a sufficient control stability and 
performance. 

CONTROLLER PERFORMANCE AND 
LOGGING TOOL CHARACTERISTICS 

The control tuning difficulties and the high transient 
dynamics imposed the use of a functional tool logging 
not only the test bench physical data ( pressure, engine 
speed and valve current) but also the internal control 
variables.   

Figure 4 Calibration and logging System via CAN 

Traditional communication tools based on a standard 
serial RS232 communication line were inadequate both 
for speed and computational resources consumption. A 
new tool based on intensive usage of CAN network was 
designed in C# (Figure 4), in order to use a higher 
communication speed and throughput, and to take 
advantage of the multi-buffering embedded CAN 
controller characteristics. This choice allows to manage 
and send in complete autonomy large amount of 
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information without lack of performance of the control 
system. 
Even if a low cost 8 bit RISC microcontroller was used, 
a complete image of the control variables and system 
data is refreshed for each control task, i.e. every 3 ms, 
thanks to the presence of 16 message buffer that can be 
used both in transmission or in reception of the 
messages by the CAN network.  

THE CONTROL STRATEGIES 

The system regulates the P=PD-PL in the load sensing 
valve in order to modify the pump displacement, and 
consequently both flow rate delivered and torque 
requested by the pump.  

Figure 5 Control System Structure 

In order to evaluate whether the system could substitute 
the traditional pump control structure with RP+LS 
control valves, a pressure control is added to the 
variable gain load sensing control and to the anti-stall 
control. The control system structure and priority is 
shown in Figure 5, where the electronic calibration is a 
function of the engine speed ( ). The feed forward 
function is a 2-way valve characteristic map, that helps 
to generate the right pressure PC to be reproduced in real 
time once the PL is acquired by the system supplying the 
exact current that correspond to the pressure target to be 
reached.  
A control system structure based on a classic PID was 
designed, due to the basic pressure-follower 
characteristic conceived for the controller, even if 
tuning of parameters could be difficult, due to 
nonlinearities of the plant. 

THE PID TUNING TECHNIQUE 

In order to find the best parameter set for the PID 
controller, the closed loop Ziegler-Nichols method was 
applied, carrying the plant and the controller (Figure 6) 
at the limit cycle instability by a step input, logging the 
P gain of the PID controller and the oscillation 
frequency. The data found are significant for the best 

PID control parameter set definition. 
Many test were performed and important differences 
were found in PID parameters definition as a function of 
flow rate and pressure; both for P gain (Figure 7) and 
for oscillation frequency ( 
Figure 8). 

Figure 6 System Model 

The parameter definition was thus the minimum set that 
grant the stability in all working points of the system. 

Figure 7 Maximum PID Gain 

Figure 8 Maximum PID Frequency 

A high sensitivity to displacement variation at low flow 
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rates was found, according to the equation  

2322

22

max

max

)(
2

)tan( xR
xRD

x
D

p

p     (4) 

where R is the swashplate radius and x is the actuator 
displacement.  
The criticality cannot be properly managed without a 
direct displacement measure being available in the 
system, therefore the PID parameters were settled based 
on the most critical working condition. 
The forced parameter choice reduces the performance in 
some condition, and is not sufficient in order to grant 
the minimum performance requested by Casappa.  
Consequently an analytical approach was attempted, 
and the stability margin was analyzed. 

Figure 9 Stability Margin with Increased Derivative 

The time domain expression of the controller action is 
expressed in (5): 

dt
tdedttetetu

t )(017,0)(15,16)(05,1)(
0

  (5) 

The experimental results point out a good precision but 
slow dynamics due to a limited phase margin. The 
integral gain was reduced while the derivative gain was 
increased in order to increase the phase stability margin. 
The Bode diagrams are shown in Figure 9. 
The time domain expression of the modified controller 
action in expressed as: 

dt
tdedttetetu

t )(06,0)(5,10)(05,1)(
0

  (6) 

While the same expression in the frequency domain is 
shown in: 

se
s

sssR 0015,0
2 4,1005,106,0)(    (7) 

derived using 3 ms task control repetition rate. 
In order to reduce the negative effects of an excessive 
integral term charge, an anti-windup feature was added 
in dynamic conditions. 

THE ANTI-STALL CONTROL 

The PID is the basis to perform all controls 
implemented in the system. In fact the control system 
structure allows to supply all the control actions as a 
Load Sensing calibration offset. The anti-stall control 
strategy is performed modifying the adaptive load 
sensing control when the engine speed is under a fixed 
limit value: a negative offset is added in (2), so a PC < 
PL is reproduced and thus the pump flow is reduced, 
until the torque reduction is sufficient to reinstate the 
right engine working point conditions. In anti-stall 
condition PC and PL are different and the difference is 
function of the engine overload (Figure 10). 

Figure 10 PL and PC diagram in anti-stall transient 

THE ADAPTIVE LOAD SENSING CONTROL 

The same principle was applied in the variable gain load 
sensing control calibration where a variable P is 
obtained introducing a degree of freedom of PC with 
respect to PL, adding a positive offset in equation (2).  
A variable flow rate target is then obtained in order to fit 
the torque requests to the engine working point. In 
Figure 11 an acceleration transient is reported, where 
the variance of PC respect to PL is placed in evidence. 

THE SLIDING MODE 

Even if the tuned PID demonstrates a good compromise 
between performance and stability, there are particular 
conditions where the excessive time delay (due to 
limited microcontroller performances and the PID 
controller linearity) evidence some control difficulty. In 
order to manage high dynamic flow request transient, 
starting from low or null oil flow, a sliding mode was 
added acting as a switching control with a dead band in 
the P, i.e. the pressure error for the electronic LS 
control, and d( P)/dt surface, its derivative. 
The result obtained are shown in Figure 12, where a 
step transient in flow request is reported. 
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Figure 11 LS with electronic calibration characteristic 

Figure 12 Flow request without and with Sliding Mode 

PRESSURE CONTROL AND CONTROLS 
INTERACTION

An implicit maximum pressure control is obtained 
simply introducing a condition in pressure 
reconstruction expression: 

if (PL + PElectronic LS calibration < Pmax) then PC=PL
else PC = Pmax-PElectronic LS calibration

when the PD increases beyond a maximum limit, fixed 
by a set parameter, the increasing P limits the pump 
displacement and consequently the pressure increases 
(Figure 13). Experimental results demonstrate that in 
identical condition the RP hydraulic control operates 
very rarely and just to reduce the pressure peak, due to 
the dynamics of the load sensing that is limited by the 
dynamics of two valves: the 2-way valve and the LS 
valve. 
Figure 14 shows how the system can manage the 
transition between different control strategies priority: 

starting from a load sensing P of 27 bar, at 120 bar 
(maximum pressure limit in this test) the difference 
between the two pressure is reversed and the flow rate is 
resettled to zero.   

Figure 13 Variable gain LS implicit PD Control 

Figure 14 PL vs. PC compensator in a transient 

CONCLUSIONS 

The adaptive load sensing control presented in this 
paper appears as an interesting option to design flexible 
control systems. The system nonlinearities are managed 
exploiting the hydraulic controls layout and available 
experience. The performance is strongly constrained by 
the electronic system control computational rate and by 
the sensors placed in the plant. The lack of Swashplate 
position sensor is a practical limit in real flow 
evaluation and limits the maximum controller 
performance. Despite all these limits the application 
gave good results on test bench and will be proven on a 
real excavators, in order to increase experience and to 
design a commercial application.
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ABSTRACT 

In this study, the control performance of a hydraulic servo system with a feedback linearization compensator is 
investigated. The focus of this study is set on the quantitative investigation of the effects(sensitivities) of disturbances 
and system parameters’ variation on control performances of the hydraulic control system. Finally, verifies the efficacy 
of a disturbance observer to overcome the control performances deterioration due to system parameters' variations, 
disturbances in the control system. 

KEY WORDS  

Hydraulic Servo System, Feedback Linearization, Disturbance Observer, Parameters Sensitivity 

INTRODUCTION 

There are many nonlinearities in hydraulic servo 
systems like nonlinear pressure-flow characteristics in 
valves, hysteresis and null point drift in valves, 
nonlinear driving force from asymmetric cylinder. If 
hydraulic servo systems are controlled using linear 
controllers, which are most common so far, it is not easy 
to achieve satisfactory control performances, as the 
linear controllers have to be dimensioned conservatively 
to ensure stability. 
As a countermeasure to overcome this difficulty due to 
hydraulic systems’ nonlinearities, applications of 
feedback linearization controllers to hydraulic control 
systems has been tried[1-4]. But the research works 
with the controllers were not fully satisfactory in most 
cases, because the researchers did not consider the 
effects of disturbances and parameters' variations in 

systems. 
This study applies state feedback controllers 
incorporating a feedback linearization compensator to a 
hydraulic servo system. This study focuses on the 
effects of system parameters' variations, disturbances on 
the control performances of the hydraulic servo system 
with a feedback linearization compensator. Finally, 
considers the applicability of a disturbance observer to 
overcome the control performances deterioration due to 
system parameters' variations, disturbances in the 
control system with a feedback linearization 
compensator. 

MODELING THE OBJECT HYDRAULIC 

SYSTEM 

System description 
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FEEDBACK LINEARIZATION - STATE 

FEEDBACK CONTROLLER (FL-SFC) 

Fig. 1 represents the object hydraulic servo system in 
this study. The main parts of the system are an 
electro-hydraulic servo-valve, a servo-cylinder and a 
mass(an inertia load). In the figure, 

sp  : supply 
pressure, 

1p  and 
2p : pressure inside the cylinder, 

1Q
and

2Q : flowrate in the servo valve, : electric current 
in the servo valve. 

iv

Basic equations 

Flowrate
lQ  in the servo valve is described as 

l sv s
iQ K i p p
i
v

v
v

l
(1)

where /sv ro vr sK Q i p  is a proportional constant, 

 is flowrate when  and , that is the 
rated current under no load condition.  Eq. (1) is 
effective when the flow in the valve is in steady state. 

roQ ri iv v 0lp

Considering the piston staying in the mid point of the 
symmetric cylinder, the continuity equation in the 
cylinder is given by: 

4
p t l

l p tp
c

dx V dpQ A C pl
dt dt

(2)

where 
pA  : piston area, 

px  ; piston displacement, 
 : leakage coefficient in the cylinder, 

tpC e
 : effective 

bulk modulus of oil in the cylinder,  : total volume 
of oil in both chamber of the cylinder. 

tV

The equation of motion of the combined body of the 
piston and the load is shown as 

2

2
p p

p l t p

d x dx
lA p M B F

dt dt
(3)

where 
tM  : mass of the combined body, 

pB  : viscous 
frictional coefficient,  : external force to the piston. lF
The spool position in the servo valve is described as 

Figure 1 Overview of the hydraulic system considered

This section describes the design procedure applying a 
feedback linearization technique to the object system to 
overcome the nonlinerities of the system. Differen- 
tiating the Eq. (3) with respect to time yields: 

3 2

3 2
p p pl

t t

d x A B d xdp
dt M dt M dt

p (5)

By substituting Eq. (2) and (3) to Eq. (5), we obtain the 
following equation. 

23 2

3

4 4p p e p e p p
l

t t t t t

d x A A B dx
Q

dt M V M V M dt
  (6) 

2 2

4 p tp e p p p
l l

t t t t

A C A B B
p F

M V M M

Eq. (6) is rearranged as Eq. (7), by separating terms 
including 

lQ  and terms having no relation with 
lQ .

3

3 , ,p p
l l l

d x dx
f p F B Q

dt dt
(7)

with  
224

( , , )p p e p p
l l

t t t

dx A B dx
f p F

dt M V M dt
  (8) 

2 2

4 p tp e p p p
l l

t t t t

A C A B B
p F

M V M M

4 p e

t t

A
B

M V
(9)

The non-linearities can be canceled out by using the 
following equation with regard to ˆ

lQ .

ˆ , ,p
l l

dx
Q f p F

dt l B   (10) 

where, ˆ
lQ  : calculated flowrate,  : control input of 

feedback linearized system.

Figure 2 Block diagram for the linearized system 
            using FL-SFC

x k iv v v
(4)
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Thus, if the flowrate computed by the Eq. (10) is 
supplied  to the system continuously, the condition 

3 3/pd x dt   can  be satisfied.  Thereby, a linerized  
relationship between  and 

px  is obtained. Then, a 
state feedback controller can be applied to the system, 
as shown in Fig. 2. And also the representative poles in 
the control system can be placed at the predetermined 
positions by adjusting the closed loop control gains. 
From Fig. 2, a transfer function shown as Eq. (11) is 
obtained, which is the nominal model of the control 
system with the feedback linearization compensator. 

3 2

( )
( )

( )
p p

n
r a

x s K
H s

px s s K s K sv K
  (11) 

Fig. 3 shows the block diagram of the control system 
with the FL-SFC. The state feedback control gains
are computed by placing the representative poles at 

 (

K

38 24i 45 rad/s,n
0.85 ), and other pole is 

placed at -38 5 on the real axis. 

SENSITIVITY ANALYSIS OF THE SYSTEM 

WITH THE FEEDBACK LINEARIZATION 

COMPENSATOR 

The object hydraulic control system 

Fig. 4 shows the photo of the object hydraulic  control  
system. Physical parameters values are listed in Table 1. 

Sensitivity of the compensated system  

Fig. 5 shows a simplified block diagram of the block 
surrounded with dashed line in Fig. 3.  and 

 in the figure are the control object and the 
feedback linearization compensator part respectively. 
Also,  and  depict null point drift in the control 
valve, and external disturbances. 

( )pG s

( )cG s

Fig. 6 shows the frequency response characteristics of 
the subsystem described in Fig. 5 under two different 

physical  situations;  one situation is when  external  

Figure 3 Block diagram of the hydraulic control system using the FL-SFC [the block surrounded with dashed line can
        be simplified as by the feedback linearization] 

force of 1000 N is applied, the other is when null point 
drift of the control valve of +2% is applied.  Data in 
Fig. 6 were obtained from simulations by the help of the 
Control DesignTM, MATLAB/SIMULINK . Results in 
Fig. 6 shows that the linearized model ( 31/ s ) can be 
affected in a large scale by the external force and valve 
null point drift. 
Table 2 shows the variation of poles of the object 
system in Fig. 3 under the variation of system 
parameters e ,

pB  and 
tM .  The data were given 

from simulations using MATLAB/SIMULINK , and 

Figure 4 Photo. of the experimental equipment  
   

Table 1 Pysical parameters values in the object system 
2[m ] : 0.00094pA ,

3

2

m / : 0
N/mtp

sC , N :15000
m/stB ,

9
2

N :1.4 10
me

, N : 0lF , ,3 4m : 6 10tV

mA : 6
VaK , V : 200

mLTK , kg :118tM , mA :15riv ,

3
9

2

m / :8.0 10
mA N/m

s
sK v

, : 0.84v
, rad/s : 760v

,

[bar] :35sp
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the transfer functions between  and , and between 
 and  were substituted as ‘1’. We can have a hint 

from the data in Table 2 on the fact that the control 
performances of the system shown in Fig. 3 might be 
affected severely under the variation of system 
parameters 

lQ vi

vi lQ

e ,
pB  and tM .

DESIGNING A DISTURBANCE OBSERVER 

In this section, we will design a Feedback Linearization 
– State Feedback Controller with Disturbance Observer 
(FL-SFC-DOB) for the hydraulic servo system. Fig. 7 
shows a system with the disturbance observer. ( )H s  in 
the figure shows the control system including FL-SFC, 

and  is the nominal model described by Eq. (11). 
 is a filter for disturbance compensation, and 

describes external disturbances or disturbance 
equivalence of system parameters’ variation.  

( )nH s
)

) ( )Q s

(Q s

(Q s

( )d s

In this study, Umeno’s method[5] was applied to design 
.  for the system was obtained as Eq. (12) 

considering that the relative order between the 
numerator and the denominator of the system transfer 
function is 3. 

3

3( )Q s
( )s

(12)

where is a cut-off frequency. 

RESULTS OF EXPERIMENT AND SIMULATION 

Experiments were done using the experimental system 
shown in Fig. 4. The parameters values of the 
experimental system are given in Table 1. In all the 
experiments of this study, sp  is set to be 35 bar. For 
realizing digital control and signal measurements, a PC 
and MATLAB/RTWT[6] were used. 

The results when FL-SFC applied  

Fig. 8 shows the experimental and simulated results 
when a step input signal(0 10 mm) is given to the 
system with FL-SFC. In addition, responses of  
C-SFC(the Conventional State Feedback Controller 
applied to the hydraulic servo system) were included in 
the same figure to evaluate the results of FL-SFC 
objectively.

Figure 5 Simplified block diagram of the block 
               surrounded with dashed line in Fig. 3 

Figure 6 Frequency  characteristics  of  the  block 
           surrounded with dashed line in Fig. 3 with 
           external force, with valve null point shift  
   

Table 2 Poles of the object system shown in Fig. 3 
        under the variation of system parameters  
   Pole 1  Pole 2  Pole 3 

No Variation -38+24i  -38-24i  -191  

e : -50%  -31+30i  -31-30i  -104  

e : +50%  -40+21i  -40-21i  -290  

pB : -50%  -102+43i  -102-43i  -32  

pB : +50%  -26+30i  -26-30i  -247  

tM : -90%  -21+23i  -21-23i  -3990  

tM : +90%  -22+85i  -22-85i  -27  

Figure 7 Application of a disturbance observer to 
the control system shown in Fig. 3  

In designing C-SFC, a flow equation linearized in the 
operating point of the servo valve was used.  
Controller gains for C-SFC were obtained from pole 
placement method. The representative poles for the 

Figure 8 Experimental and simulated results of the
object system with C-SFC or with FL-SFC 
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C-SFC were placed at same positions as ones for 
FL-SFC(designed in section 3) so as to enable an 
objective comparison of control performances of the 
systems with the FL-SFC and the C-SFC. And other 
poles were placed at -38 5 on the real axis. 
Fig. 8 shows the validity of the mathematical model of 
the control systems used in this study. In this figure, 
FL-SFC shows better response compared to C-SFC by 
reducing 17.1% in settling time( 2% basis).  

The results when FL-SFC-DOB applied

Under external load 
Fig. 10 shows the step responses of the control system 
under external load(Fig. 9), 1000N.  When FL-SFC 
was applied(Fig. 10 (a)), 0.4 mm steady state error and 
undershoot response appeared. But, with FL-SFC-DOB 
application, the effects of the external load could be 
rejected clearly.  

Under null point drift in the control valve 
In general, allowable limit of null point drift in servo 
valves is said to be 2%. With the allowable limit 
value of null point drift, the control performances of the 
control system were investigated. The null point drift in 

the servo valve was realized equivalently by shifting 
null point of the servo amplifier output.  
Fig. 11 shows the step responses of the control system 
under null drift, 2%.  When FL-SFC was 
applied(Fig. 11 (a)), great steady state errors appeared, 
which was anticipated result by referring to Fig. 5. But, 

Figure 9 Simplified schematic diagram of the load 
system in the object system 

(a) when FL-SFC applied 

(b) when FL-SFC-DOB applied 

Figure 10 Experimental and simulated results of
the object system with external load, 1000 N

(a) when FL-SFC applied 

(b) when FL-SFC-DOB applied 

Figure 11 Experimental and Simulated results of
the object system under valve null point 
shift with +2%, -2% 

(a) when FL-SFC applied 

(b) when FL-SFC-DOB applied 
Figure 12 Experimental and simulated results of the 

object system under tM  variation  
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The effects of the variations of the representative 
physical parameters tM ,

pB  and e  on the control 
performances of the control system were investigated. 
Step responses of the control system under the variation 
of tM ,

pB  and e  were shown in Fig. 12, 13 and 15.  
When FL-SFC was applied, change in control 
performances appeared according to the variation of 

tM ,
pB  and e . And, it was ascertained that, with 

FL-SFC-DOB application, the change in the control 
performances under the variation of tM ,

pB  and e

could be moderated in a great deal.  

(a) when FL-SFC applied 

(b) when FL-SFC-DOB applied 
Figure 13 Simulated results of the object system under 

pB variation  

(a) when FL-SFC applied 

(b) when FL-SFC-DOB applied 
Figure 14 Simulated results of the object system under 

e variation  

CONCLUSIONS 

In this study, the control performance of a hydraulic 
servo system with a feedback linearization compensator 
was investigated. The focus of this study was set on 
thequantitative investigation of the effects(sensitivities) 
of disturbances and system parameters’ variation on 
control performances of the hydraulic control system. 
Finally, verified the efficacy of a disturbance observer to 
overcome the control performances deteriorations due to 
system parameters' variations, disturbances in the 
control system. 
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SYSTEM SIMULATION FOR HYDRAULIC EXCAVATOR 

Kazuhide MAEHATA 

Development Sect., New Products Development Dept., Hydraulic Components Operations 
KYB Corporation 

1-12-1 Asamizodai, Sagamihara-shi, Kanagawa-ken, 228-0828 Japan 

ABSTRACT 

The various hydraulic components for excavator have been developed in KYB Corporation. In early stage of the 
product development, we usually use calculation of static characteristics, but we do not use calculation of dynamic 
characteristics for the system. The dynamic characteristics of the system are tuned using actual system in middle stage 
of the product development. Therefore it is often necessary to extend the product development time. In order to 
decrease the development time, we developed a simulation model of excavator system for dynamic characteristics 
calculation. This paper shows case studies of the system simulation for hydraulic excavator applied to the 
digging-turning-loading cycle analysis. 

KEY WORDS 

Simulation, Excavator, SIMULINK, ADAMS 

SIMULATION MODEL 

Figure 1 shows the structure of the simulation model. 
The simulation model consists of body model for 
calculating motion of excavator, and hydraulic circuit 
model for calculating behaviors of hydraulic circuit. 
The actuator force is transmitted from the hydraulic 
circuit to the body. 
The actuator speed and length of the body are fed back 
to the hydraulic circuit. 
In this case, the hydraulic circuit model is modeled on 
SIMULINK, a control system analysis software, and the 
body model is represented on ADAMS, a mechanical 
system analysis software. 
Figure 2 shows the body model. 

The body model on ADAMS consists of moving parts 
and constraints (joints). Each moving part has 
polygon-based geometry to allow easier and quicker 
modeling. All parameters, such as geometry dimensions 
and mass properties, can be obtained via actual 
measurements, relevant technical papers and 3D CAD 
data. 

Hydraulic circuit
model

SIMULINK

hydraulic circuit
parameter

result
graph

Body model
ADAMS

body
parameter

result
animation

actuator
speed/length

actuator
force

operation
data

Figure 1 Structure of the simulation model
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DIGGING-TURNING-LOADING CYCLE 
ANALYSIS 

Figure 3 shows the block diagram of the simulation 
model. 
In this simulation, the simulation model takes various 
characteristics into account, such as volumetric and 
mechanical efficiency of pump and motor, friction of 
cylinder, pressure loss of control valve inside passage 

and engine fuel consumption characteristic. 
Figure 4(a)-4(f) shows simulation results. 
Figure 4(a) shows results for the boom, namely (a1) 
pilot pressure for boom operation, (a2) pressure of 
boom cylinder bottom side, (a3) pressure of boom 
cylinder rod side, and (a4) length of boom cylinder. 
Figure 4(b) shows results for the arm, namely (b1) pilot 
pressure for arm operation, (b2) pressure of arm 
cylinder bottom side, (b3) pressure of arm cylinder rod 
side, and (b4) length of arm cylinder. 
Figure 4(c) shows results for the bucket, namely (c1) 
pilot pressure for bucket operation, (c2) pressure of 
bucket cylinder bottom side, (c3) pressure of bucket 
cylinder rod side, and (c4) length of bucket cylinder. 
Figure 4(d) shows results for the swing, namely (d1) 
pilot pressure for swing operation, (d2) pressure of 
swing motor right side, (d3) pressure of swing motor 
left side, (d4) rotational speed of swing motor. 
Figure 4(e) shows results for the pump, namely (e1) 
discharge pressure of pump-1, and (e2) discharge 
pressure of pump-2. 
Figure 4(f) shows results for the engine, namely (f1) 
rotational speed of engine, and (f2) flow rate of fuel. 
In these figures, the blue lines show experiment results 
whereas the red lines are simulation results. 
The simulation result matches the experimental one 
with reasonable accuracy. 
However, there are a few differences that are 
remarkable enough to notice at some parts of the results. 

Figure 2 Body model 

Figure 3 Block diagram of the simulation model 
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Figure 4(a) Simulation result (boom) 

Figure 4(b) Simulation result (arm) 

Figure 4(c) Simulation result (bucket) 

Figure 4(d) Simulation result (swing) 
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At first, differences are seen for time=5-9 seconds in 
(b2) pressure of arm cylinder bottom side and (b3) 
pressure of arm cylinder rod side, are known to be cause 
by error of (b4) length of arm cylinder. The error then 
affects body posture, and as a consequence, changes 
pressure to sustain gravity moments of the body. 
Secondly, for the error for time=12-16 seconds, it is 
caused by relief pressure in the cylinder stroke end. 
Thirdly, an error in (d3) pressure of swing motor left 
side, in time = approximately 2.5-5 seconds, is due to 
digging reaction force acts on the side face of bucket, 
which in fact is not considered nor modeled in this 
simulation. 
Finally, for the errors found in (d2) pressure of swing 
motor right side and (d3) pressure of swing motor left 
side for time = 10-12.5 seconds, they are known to be 
cause by a leak in the spool clearance when the valve is 
in its neutral position. 
Using the simulation result, we calculate energy 
consumption during digging-turning-loading operation. 
Figure 5 shows the result of the analysis, where total
output energy is 100%. 
In the figure, a term “external output” means sum of 
output required to dig and output required to drive the 
body. 

From the figure, it is cleared that valve internal loss is 
the largest contributor to the total energy consumed by 
the hydraulic components, and pump internal loss is the 
second.
By reducing internal loss of valve and pump, the total 
energy consumption could be saved. 

CONCLUSION 

Example of the system simulation for hydraulic 
excavator considering hydraulic circuit and a body 
movement was introduced. 
We will use this simulation model for the product 
development effectively. 
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Figure 5 Result of energy analysis 

Figure 4(e) Simulation result (pump) 

Figure 4(f) Simulation result (engine) 
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ABSTRACT 

Up to now, several types of hybrid systems have been developed to deduce energy consumption. Switching type closed 
loop constant pressure system (SCL-CPS) was proposed as one of feasible hybrid systems. SCL-CPS also uses flywheel, 
hydraulic accumulator and hydraulic power transmission as a traditional CPS but it has two alternatively high pressure 
lines. At a same time, one is used as the high pressure line and the other is the low one. Switching between them to 
overcome large hydraulic shock and noise considered as serious problems in traditional CPS. In this paper, energy 
saving potential of system is evaluated by considering effect of component efficiencies in system. Recovery efficiency 
during deceleration the wheel is estimated by simulation. The results indicate that proper determination of recovery time 
and operating pressure improves significantly energy recovery potential of the system. 

KEY WORDS  

Constant Pressure System (CPS), Flywheel Switching, Energy saving, Secondary Control 

NOMENCLATURE 

C : Viscous friction coefficient 
Dmax : Wheel moment of inertia 
J1 : Flywheel moment of inertia 
J2 : Different pressure 
ppre   : Accumulator pre-charge pressure   
Q1,2   : Flow rate   

Tac,br : Acceleration, braking torque 
Tin1 : Torque at pump shaft 
Tout2 : Torque at motor shaft 
u1,2    : Control signal 

: Oil viscosity 
V : Volumetric loss 
M : Mechanical loss 
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INTRODUCTION 

Recently, hybrid systems equipped an energy recovery 
and a secondary energy store system have been 
attractive systems from the viewpoint of energy saving. 
Several hybrid systems have been developed in 
literature such as CVT-flywheel system, Flywheel 
battery system, Electro-chemical batteries system or 
hydraulic hybrid system. Among them, hybrid systems 
using flywheel have been considered to be 
advantageous for some applications because of their 
high specific power. They have not been applied widely 
due to some inherit disadvantages for instances 
CVT-flywheel systems have many problems about 
controlling the CVT (Continuously Variable 
Transmissions) or flywheel battery systems need 
flywheel to work at very high velocity. CPS has been 
proposed and considered as one of the feasible solutions 
of low flywheel velocity hybrid systems. In former 
researches [1], the effectiveness of the CPS hybrid 
vehicle was verified by simulation. However, the 
pressure peak generated by the abrupt change of the 
displacement of pump/motors to change their functions 
is one of the most obstacles that restrict applicability of 
this system. 
Switching type closed loop CPS (SCL-CPS) is proposed 
as a good solution to overcome those drawbacks. 
Energy saving of SCL-CPS can be achieved by saving 
primary power source and recovering energy during 
deceleration time. The later is investigated here because 
it always contributes a considerable part in total saving 
potential of the system. Many studies on recovery 
strategies of SCL-CPS have been taken place by using 
relief valve [4] or changing two pump/motor 
displacements in a small range [2]. These researches 
indicate that about 50% energy of the wheel can be 
recovered but neither flywheel nor wheel is controlled. 
So they are not used in real applications where the 
wheel velocity or position must be controlled. 
In this paper, influences of wheel deceleration methods, 
operating pressure of system and pump/motor operating 
situation are studied. Results of this analysis are use to 
determine a proper control strategy for the system. 
Recovery strategy based on constant pressure is chosen. 
High energy recovery efficiency and controllability of 
the wheel are dominations of the study when comparing 
with existences.    

SWITCHING TYPE CLOSED LOOP CPS 

Proposed Switching Type Closed Loop CPS  

A schematic diagram of proposed SCL-CPS is shown in 
Figure 1. It is a hydrostatic transmission system which 
consists of a flywheel, two variable displacement 
pump/motors and three electric clutches. Two hydraulic 
accumulators and two controllable relief valves play an 
important role in this system. Especially, the drive 
pump/motor is only work from 0 to +100% of 

maximum displacement and there are two constant 
pressure lines for driving and energy recovery phase. 
Pressure in the driving line is high during the driving 
time, while pressure in the other line is high during 
recovery one. In mobile applications, system 
performance, refreshing oil and size of total system are 
issues need to be considered of a hydraulic circuit. The 
SCL-CPS using only two pump/motors in a closed loop 
circuit is a feasible solution of these issues. 
Operation modes  

The SCL-CPS works as a series hydraulic hybrid system 
with two different power sources that are the engine and 
the flywheel. Because of it configuration SCL-CPS is 
able to work in one of three modes that are on/off the 
engine, SCL-CPS and energy recovery mode at 
instantaneous time.  

Figure 1 Schematic diagram of newly proposed CPS 
On/off the engine mode 

In this mode, the flywheel pump/motor functions as a 
hydraulic pump and the drive pump/motor functions as 
a hydraulic motor. The engine is turned on or off 
periodically and a cycle is described as follows. First, 
both clutches are engaged and the engine is turned on to 
drive the flywheel from the lower velocity to the upper 
velocity. Next, the engine clutch is disengaged and the 
engine is turned off. After that, only the flywheel 
functions as a power source to drive the wheel so its 
velocity begin decreasing. When the flywheel velocity 
gets value of the lower limit a cycle on/off is finished. 
Finally, the engine is turned on again and the engine 
clutch is engaged for next cycle.  
SCL-CPS mode 

The flywheel clutch is always disengaged and the 
engine is always turned on. Because two variable 
pump/motor displacements are used to control the wheel 
velocity so there is a redundant degree of freedom. 
Therefore, the operation of engine can be uncoupled 
from the speed and torque of drive wheels. It allows the 
engine to be operated in the optimum operation 
efficiency point. Generally, operation point of the 
engine is controlled to lie on the e-line of the engine at 
each calculated power of the system.  
Energy recovery mode 

This mode is depicted in Figure 2, the engine is turned 
off and the engine clutch is disengaged while the 
flywheel clutch is engaged during recovery period. The 
drive pump/motor functions as a pump while the 
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flywheel pump/motor functions as a motor. The 
recovery line becomes high pressure line while the 
driving line becomes low one. Wheel kinetic transform 
into hydraulic energy via the pump then continuously 
transforms into flywheel kinetic energy via the motor. 

Figure 2 Energy recovery mode of SCL-CPS 
Mathematical Model of SCL-CPS components  
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INFLUENCES ON ENERGY RECOVERY 

POTENTIAL OF SCL-CPS 

Wheel deceleration and flywheel acceleration  

To estimate this influence three types of decelerations 
are considered. Parabolic wheel velocity -1st, constant 
deceleration - 2nd and constant torque - 3rd method are 
chosen because of their natural characteristics. Parabolic 
wheel trajectory minimizing friction loss L in Eq. (13) 
during deceleration the wheel from initial velocity to 
zero in a given recovery time is chosen to estimate 
wheel efficiency. Wheel and flywheel trajectories are 
shown in table 1. 

dttCL
rt

..
0

2

                (13) 
Wheel and flywheel efficiencies versus time and 
deceleration and acceleration methods are depicted in 
Figure 3 and 4. Generally, maximum wheel or flywheel 
efficiency is inversely proportional to deceleration or 
acceleration time. Maximum value is reached about 
96.67% for first method within 2s deceleration time. 
Second method is less efficiency than the last, which is 
inverted during acceleration time. Recovery time more 
than 16s is not efficiency for energy saving purpose. 
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Figure 3 Wheel efficiency  
Pump and motor efficiency  

Overall CPS recovery efficiency is product of all 
component efficiencies. Figure 5 shows value of 
maximum system efficiency when that average value of 
pump/motor varies from 25-90% and wheel/flywheel 
efficiency come from previous section. 
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Figure 4 Flywheel efficiency  
This value is proportional pump/motor efficiency. If 
maximum pump motor efficiency is 50% that value of 
system will be 22.6 % for 2s and 8% for 16s recovery 
time.  It is smaller than 50% system efficiency is very 
small. It implies that finding out economical operating 
situation of pump and motor contributes to 
improvement saving potential of the system.  
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Fig 5 influence of pump/motor efficiency 
Figure 6 and 7 describe pump/motor efficiency versus 
operating pressure, velocity and displacement. The 
results can be used to estimate pump/motor efficiency in 
operating situations. In the same working condition, the 
operating pressure and velocity, pump/motor operates in 
higher efficiency with higher displacement. 
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Figure 6 Pump/motor efficiency versus pressure 
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Figure 7 Pump/motor efficiency versus velocity 
Operating pressure  

In CPS operating pressure and desired torque is directly 
relative via Eq. (2). System is said to be controlled when 
it can generate any desired torque depending on 
deceleration method. The max/min torque depends not 
only recovery time but also deceleration method. In 
general that value is inversely proportional to 
deceleration time. Torque value changes significantly 
from maximum value to zero in the first method, which 
differs from the others. Desired torque increases lightly 
from beginning to the end for 2nd method and be 
constant for the last. Value of this torque is described in 
Table 2. Eq. (2) implies that operating pressure is 
inversely proportional to pump displacement and 
product of control input and pressure depends on 
deceleration method. So it should be chosen properly to 
force pump operate with large displacement, otherwise 
pump efficiency is small. Range of operating pressure is 
limited by volume and pre-charge pressure of the 
hydraulic accumulator. Operating pressure versus 
recovery time and deceleration methods is described in 

Figure 8. Figure shows that system pressure in 1st 
method must be reached 262 or 534bar with maximum 
u(t) = 1 and u(t) = 0.5 respectively for 2s recovery time. 
However, maximum value of pressure for 3rth method 
needs only 132bar when using maximum displacement 
and 264 for 50% of that value. The figure also shows 
that maximum pressure changes significantly when 
recovery time changes from 2 to 4s. Moreover, 
maximum operating pressure in 1st method is always 
considerably higher than that of other methods. 
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Figure 8 Operating pressure  
Control strategies  

Eq. (2) implies that the wheel is controlled by changing 
pressure or pump displacement. In other word, there are 
three possible strategies as follows.   
i. Pressure is controlled as constant and pump 
displacement is controlled to mach desired torque  
ii. Pump displacement is kept as constant and pressure is 
controlled to mach desired torque 
iii. Pressure and pump displacement are variable  
In order to estimate effect of control strategy on system 
saving energy potential a feed-forward controller is used. 
Secondary control, which includes two sub-controllers 
one for wheel control the other for pressure control, is 
used for simulation. Obviously, high working pressure 
forces pump/motor work in low efficiency but too low 
value is not able to control the wheel. Beside, efficiency 
of wheel and flywheel only depend on deceleration or 
acceleration method. Therefore, pressure is chosen at 
the possible lowest value for each method. Variable 
displacement and pressure control strategy is not 
necessary. Results of two control strategies with 2s 
recovery time are shown in Figure 9 and 10. Figure 10 
and 11 indicate that if wheel is decelerated rapidly then 
flywheel is fast accelerated without influence of control 
strategy. If friction loss of the wheel is reduced by using 
parabolic trajectory that loss of the flywheel is increased 
during acceleration. Therefore, efficiency of CPS 
depends strongly on pump/motor one.  
In constant pressure control displacement of pump and 
motor vary to mach desired torque and pressure. Pump 
and motor displacement vary little and get high value in 
2nd and 3rd deceleration method. Motor displacement 
changes a lot and has lower value in the first method. 
From the figures, it is also realized that 2nd and 3rth 
deceleration method are quite similar. 
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Figure 10 Variable pressure control 
For variable pressure control, pump displacement is 
kept at maximum value. Pressure decreases from 
maximum to zeros in first method but increases from 
minimum to maximum value in second method.  
Finally, simulation results show that pump or motor 
efficiency is always low in parabolic deceleration for 
both control strategies. Control strategy has an 
insignificant effect on recovery efficiency of the system.  

SIMULATION 

Simulation is verified by using AMESim software for 
recovery time changing from 2 to 16s. The value of 
pressure is minimum for each method corresponding to 
a given recovery time. Figure 12 and 13 depict overall 
recovery efficiency of the system in two control 
strategies and three deceleration methods. The 
efficiency is calculated in Eq.  (14). 

2
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2
0,11

2
0,2

2
,22

tr

tr
CPS J

J

           (14) 
A particular situation of 4s recovery time, constant 
torque deceleration method, operating pressure of 63 bar 
with constant pressure control is investigated. Overall 
recovery efficiency of system is about 61%. Figure 13 
indicates component efficiency in CPS. To evaluate 

pump/motor efficiency during deceleration and 
acceleration some parameters are defined as follows.  
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Figure 11 CPS efficiency in constant pressure control 

0 2 4 6 8 1 0 1 2 1 4 1 6 1 8
0 . 0

0 . 2

0 . 4

0 . 6

0 . 8

O
v
e

ra
ll 

e
ff
ic

ie
n

c
y

R e c o v e r y  t i m e  s

 M e t h o d  1  

 M e t h o d  2  

 M e t h o d  3

V a r i a b l e  P r e s s u r e  C o n t r o l  

Figure 12 CPS efficiency in variable pressure control 
Fig 14 describes relation between overall efficiency and 
operating pressure. It implies that the efficiency 
decreases when operating pressure over needed value. 
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Fig 14 overall efficiency versus operating pressure 

CONCLUSIONS 

CPS recovery efficiency is analyzed from view point of 
investigation on operating condition of devices in the 
system. Pump/motor efficiency influences considerably 
on overall recovery one. Recovery time and operating 
pressure must be determined properly to get high energy 
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saving potential. Good conditions for this system are 
recover time from 2 to 6s, constant pressure control and 
constant torque deceleration. The study also indicates 

that CPS is able to recover about 61% energy of the 
wheel.

Table 1 Wheel and flywheel velocity trajectory 
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ABSTRACT 

Displacement-controlled actuation offers energy savings by eliminating the metering losses associated with hydraulic 
valves and allowing energy recovery.  In a closed-circuit configuration, four-quadrant pump operation can be achieved.   
This paper considers displacement-controlled boom lift cylinders on a skid-steer loader.  Undesirable pump mode 
oscillation is observed while rapidly lowering small loads.  Avoiding this oscillation requires actuator pressure control, 
which cannot be directly achieved due to insufficient pump dynamic response.  The authors propose a predictive 
observer to provide sufficient lead time for feedforward control of actuator pressure.  Design and analysis are 
presented for a discrete time linear observer which predicts future system states by delaying the input signal.  
Successful state prediction is demonstrated through simulation and experiment.   

KEY WORDS  

Displacement control, Valveless, Pump control, Velocity control 

NOMENCLATURE 

Ap cylinder piston area [m²] 
Ar cylinder rod area [m²] 
CH hydraulic capacitance [m/N] 
Ff cylinder friction force [N] 
FL cylinder static load force [N] 
H cylinder stroke [m] 
JD mass moment of inertia about 

boom axis of rotation 
[kg m2]

Koil fluid bulk modulus [Pa] 
Q flow rate [m3/s]
T digital sampling time [s] 
V pump displacement volume [cc/rev] 
Vline actuator line volume [m3]

cv coefficient of viscous friction [kg/s] 
kLi coefficient of internal leakage [m3/Pa s]
meq actuator inertial load [kg] 
n pump rotational speed [rev/min]
p fluid pressure [Pa] 
v cylinder velocity [m/s] 
w cylinder force due to boom weight [N] 

cylinder piston area ratio [-] 
p actuator differential pressure [Pa] 

boom angle  [rad] 
p time constant of closed-loop pump 

displacement control 
[s] 
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INTRODUCTION 

Energy-efficient hydraulic systems and controls for 
mobile machinery has become a major research topic in 
recent years.  Since a large percentage of power loss is 
due to metering flow through directional control valves, 
alternative circuit designs that reduce or eliminate these 
losses offer significant energy savings.  One proposed 
solution is displacement-controlled actuation, in which a 
variable displacement pump controls the motion of a 
single or double-rod cylinder.  This “valveless” or 
“pump-controlled” concept offers several advantages 
over traditional valve control, including higher energy 
efficiency and linear dynamic characteristics.   

DISPLACEMENT-CONTROLLED ACTUATION 

DC Concept 
The closed circuit design shown in Figure 1 was 
proposed by Ivantysynova in 1998 and has been 
developed by her team since that time [1].  A similar 
concept was proposed independently by researchers in 
British Columbia in the early 1990s [2-3].  An 
open-circuit configuration may also be used for 
displacement control [4].  Displacement-controlled 
actuation (DCA) is based on the same operating 
principle as a hydrostatic transmission.  Actuator 
position and velocity are controlled by adjusting the 
flow rate through a variable displacement pump.  The 
differential flow rate produced by the movement of a 
single-rod cylinder is compensated by a low-pressure 
line (supplied by a charge pump and accumulator) via 
pilot-operated check valves.  

Figure 1 Displacement control circuit 

DCA reduces power losses and allows energy  
recovery.  Measurements of fuel consumption on 
displacement-controlled wheel loaders have shown 
savings of 15-25% [5].  Recent simulations of 
displacement- controlled excavators indicate reductions 
of up to 40% in total energy consumption [6]. 

Four-Quadrant Operation 
The hydraulic pumps used for DCA must operate over 
center (reversible flow direction) in both pumping and 
motoring modes.  Assuming that the direction of shaft 

rotation remains constant, these pumps operate in four 
quadrants of a pressure-flow plane, as defined in Figure 
2.  This characteristic allows flexible flow control and 
power recovery.  However, it also causes undesirable 
performance for certain operating conditions. 

Figure 2 Definition of pump operating plane 

I.     II.    III.     IV.  A B B A

p p p p

Q Q Q Qv v v v
A A A A

(1)

p r

p

A A
A

(2) 

Referring to Figure 1, the check valves connect the 
low-pressure side of the circuit to the charge line.  If 
the net force on the cylinder changes direction, the 
pressure will also change to accommodate the load and 
the check valves switch accordingly.  The problem that 
this presents is that the actuator velocity is a 
discontinuous function of the operating quadrant (Eq. 1).  
The area ratio  is typically between 0.5 and 0.75 (see 
Figure 4).  If the pump changes operating modes while 
the cylinder is moving, the cylinder velocity will 
suddenly increase or decrease by a factor of 1/ .   

Pump Mode Oscillation 
Changing modes may be encountered in practice while 
lowering a light load at a high velocity.  When the 
speed increases to the point where the friction force on 
the cylinder is higher than the load, the check valves 
switch, the pump shifts from motoring mode (quadrant 
IV) to pumping mode (quadrant III), and the cylinder 
velocity increases.  Due to flow resistance and pressure 
resonance in the cylinder and lines, pA may then rise 
above pB and the pump shifts back to quadrant IV.  
This sequence then repeats itself, creating a limit cycle 
between pumping and motoring modes until the pump 
displacement is reduced enough to slow the actuator.  
An example of this phenomenon is shown in  
Figure 3 while rapidly lowering the boom of a 
displacement-controlled skid-steer loader with no load 
in the bucket. 
Clearly, large oscillations in actuator velocity are 
undesirable and may be dangerous.  From a hydraulic 
system design perspective, pump mode oscillation may 
be avoided or ameliorated by reducing cylinder velocity 
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and/or seal friction, increasing static cylinder loads, and 
increasing the  ratio.  Where these solutions are not 
practical, feedback control may prevent oscillation.  
Several ideas for eliminating this effect by pressure and 
velocity control have been considered.  As will be 
discussed in more detail later, the main difficulty in 
implementing an effective control law is excessive 
phase lag.  The system dynamics are such that the time 
delay between control input and output measurement is 
too long for feedback control of the mode switching 
oscillations.  What is needed is a way to anticipate an 
impending change in the pump’s operating quadrant 
with sufficient time to change the pump displacement 
and avoid the transition.  The goal of this paper is to 
develop a predictive pump mode observer that provides 
sufficient phase lead to allow four-quadrant control of 
actuator velocity. 
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Figure 3 Measured pump mode oscillation  

DYNAMIC MODEL 

Pump Model 
The DC skid-steer loader uses two variable 
dispalacement, axial piston swash plate type 
pump/motor units, one each for the boom lift and bucket 
tilt functions.  Pump displacement is controlled by a 
hydraulic valve operating at a supply pressure of 15 -30 
bar.  Pump dynamic response for small displacements 
depends on the bandwidth of the valve [7].  When a 
larger displacement is demanded, the swash plate 
velocity is limited by the maximum flow rate through 
the valve.  There may also be signal transmission delay 
associated with the D/A amplifier between the 
microcontroller and the valve.   
DC actuation requires closed-loop control of the pump 
displacement.  Simple proportional feedback is typical. 
Position/velocity control of the DC cylinders are 
arranged in a cascaded structure, with the pump 
displacement feedback as an inner loop [7].  The 
closed-loop pump dynamic response can reasonably be 

approximated by a linear first-order system with a time 
constant of p.

Actuator Model 
The loader’s lift cylinders are single-rod linear actuators, 
as shown in Figure 4.  

Figure 4 Single rod linear actuator 

The actuator’s equation of motion, assuming viscous 
friction only, is given by Eq. 3.  Since the boom 
motion is actually rotational, the combined inertia of the 
boom and bucket must be expressed in terms of the 
actuator’s linear motion as an equivalent mass in Eq. 4.  
Pressure build-up in the cylinder chambers is a function 
of flow rate and piston velocity, as in Eq. 6 and 7.  
Internal leakage across the piston seals is assumed to be 
only pressure dependent and external leakage is 
neglected.

eq p A B v Lm v A p p c v F  (3) 
2

eq D
cyl

m J
x

 (4) 

A

A A p Li A B
H

1 ( )p Q A v k p p
C
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B B p Li A B
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2HA
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oil

1
2HB
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K
 (8) 

A BQ nV Q nV (9)

Constant hydraulic capacitances (Eq. 7-8) is assumed, 
which is defined at the center of the piston stroke.  The 
flow rate to the cylinder is the product of pump speed n
and displacement volume V, neglecting volumetric 
losses.  Further, the rates of fluid flow entering and 
leaving the cylinder are assumed to be proportional. 

State Space System Model 
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The state equations derived in the previous subsections 
can now be assembled into a single dynamic model in 
linear state space form.  The state vector consists of the 
pump displacement V and cylinder position, velocity 
and pressure.  The outputs are the measurable states, 
which are pump displacement (swash plate angle), 
cylinder position and pressure.  The control input u is 
the desired pump displacement Vd.

uF G
C

x x d
y x

 (10) 

T
A BV v p px  (11) 
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The output disturbance d is the gravitational force on 
the cylinder due to the weight of the boom and bucket, 
which varies with bucket load and boom angle.  It is 
essential that the model include this disturbance, since 
the pump’s operating mode depends on static pressure, 
which is directly related to the weight of the boom and 
bucket. 

System Analysis 
In order to avoid pump mode oscillation, the cylinder 
pressure must be controlled.  Consequently, the first 
topic for analysis is the pressure dynamics and the 
relationship between control input (pump displacement 
volume) and measured pressure outputs.  Define a 
transfer function from u to y2-y3, as in Eq. 16.  Roots of 
its characteristic equation for nominal parameter values 
are listed in Table 1.   
For feedback control of system pressure, the pump 
bandwidth should be several times faster than the 

pressure dynamics.  It is clear from Table 1 that this is 
not the case.  Direct pressure feedback is not an option, 
but feedforward pressure control may be possible.  
Feedforward control requires that the control input be 
applied with sufficient phase lead to produce the desired 
output.  Since the cylinder pressure is not periodic, the 
controller must anticipate future outputs.  This state 
prediction problem will be addressed in section 3.   

Table 1: Nominal pole locations of Gp(s)

Mode Frequency 
(Hz) 

Damping 
(-) 

Integrator 0 1 

Pump dynamics 5.3 1 

Pressure resonance 6.5 0.05 

Many of the parameters in the system model are 
unknown, uncertain and/or slowly varying.  Estimated 
maximum and minimum parameter values were 
obtained from machine specifications and model 
identification measurements.  Figure 5 illustrates the 
pressure frequency response with respect to pump flow 
rate considering model uncertainty.  
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Figure 5 Frequency response of Gp(s)

From Figure 5, the maximum crossover frequency of 
the magnitude ratio is about 73 rad/s (11.6 Hz) and the 
minimum value is 41 rad/s (6.5 Hz), at which the phase 
lag is 173° and 161°, respectively.  This corresponds to 
a time delay of 0.041 to 0.069 seconds between input 
and output.   

PREDICTIVE OBSERVER 
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Observer Design 
This section describes the design of an observer 
(estimator) that predicts future system states with 
sufficient lead time to allow feedforward pressure 
control.  Analysis of F, G and C from Eq. 10 indicates 
that all system modes are stable, controllable and 
observable.  The observer will ultimately be 
implemented with a mobile digital microprocessor.  
Conducting design and analysis directly in the discrete 
time domain makes sense in order to avoid the faster 
sampling times required for a discretized continuous 
time design.  To proceed with the observer design, the 
plant state-space model derived previously is converted 
to discrete time with a zero-order hold approximation.    
The basic design of a predictive observer is a direct 
result of the recursive form of the vector state equation, 
Eq. 17.  Given the input vector u for all time, any 
future state can be calculated from Eq. 18.  For 
notational convenience, the load force disturbance d is 
treated as an additional input.  

( 1) ( ) ( )k k kA Bx x u  (17) 
1

1

0
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0d p pC A A  (22) 
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ˆ ( 1) ( ) ( ) ( )
2

k

L p L I L L
j

TF k K F k K T F j F k (23) 

Of course, future inputs are unknown.  It may be 
possible to predict states by assuming constant future 
inputs or by extrapolating from past inputs if u is 
smooth and varies slowly compared to the prediction 
time.  Unfortunately, neither assumption is valid in the 
current application.  The pump mode transition which 
the observer should detect occurs when the pump 
displacement is increasing and may occur rapidly, on 
the order of 50 ms.  Assuming constant inputs fails to 
predict the event by underestimating the rate of pressure 
change, and extrapolating from previous inputs is too 
sensitive to noise.  Since it is difficult to predict the 
future, another option is to delay the present.  That is, 
by delaying the application of the control input to the 
plant, the future reference trajectory is known for a short 
time in advance.  This may not be feasible for some 
applications, but may work for a skid-steer loader if the 
time delay is short enough.  It is unlikely that a human 
operator will notice a lag time of less than 0.1 seconds.   

The traditional design of a Luenberger observer takes 
the form of Eq. 19, where the estimated states are 
denoted with a carat.  The predictive observer (Eq. 20)  
uses output feedback for the current state, but estimates 
future states (x-bar) up to n steps ahead based solely on 
the input u.
For accurate state estimation, the observer must also 
consider the effect of the static load on the cylinder.  
The payload mass in the loader’s bucket is unknown and 
variable, so an adaptive parameter estimation method is 
proposed.  Estimation error may be calculated from the 
measured and estimated pressures, as in Eq. 21-22.  
The current disturbance estimate is adjusted with PI 
feedback on the estimate error (Eq. 23).  A bilinear 
approximation serves as the integral term [8].  For 
estimation of future states in Eq. 23, constant load force 
disturbance is assumed. 

Observer Analysis 
Observer stability depends on the output feedback gains.  
The output injection matrix L is chosen so as to place 
the observer poles around 40 Hz.  This frequency is 
fast enough to provide rapid convergence while 
avoiding amplification of noise at higher frequencies.  
Feedback gains for the load force disturbance estimate 
are tuned empirically according to traditional PID rules.  
As this is a direct digital design, observer accuracy at 
the sample instances is independent of sampling time.  
Error due to intersample behavior may be avoided by 
sampling at least 10 times faster than the pressure 
frequencies [9], which is not a difficult requirement for 
the present application. 
Observer robustness with respect to model uncertainty 
may be analyzed in the state space time domain.  In Eq. 
24, A represents the maximum singular error value of 
the A matrix in the expected uncertainty range, where 
A0 represents the nominal model.  A similar error value 
can be defined for B, leading to a bound on the 
maximum state prediction error for n time steps in Eq. 
25.  Conversely, Eq. 25 could be used to find the 
maximum prediction time interval for a given error 
tolerance. 
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VALIDATION 

The predictive observer was demonstrated first in 
simulation with a nonlinear model of the skid-steer 
loader in Matlab/Simulink.  This detailed model 
includes multi-body mechanics, pump displacement 
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dynamics, and loss models of various hydraulic 
components [10].  An observer sampling time of 5 ms 
and prediction time of 30 ms was used for both 
simulation and experiment.  The duty cycle simulated 
with the nonlinear model consists of raising the boom 
and then lowering it quickly.  As the boom drops, the 
lift pump oscillates between pumping and motoring 
modes. Simulation of the predictive observer with this 
model is shown in Figure 6.  The observer successfully 
predicts that p is about to cross zero with >50 ms of 
anticipation.   
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Figure 6  Results with simulated data 

The same process was repeated experimentally.  
Observer pressure predictions with measured data are 
plotted in Figure 7.  Again, the observer successfully 
predicts the zero crossing with about 60 ms of lead time.   
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Figure 7 Results with measured data 

A few limitations become apparent in the experiment.  
The state prediction is fairly sensitive to noise in the 
input command signal.  Also, the load force 
disturbance estimate can negatively affect the pressure 
state prediction.  Higher gains (and faster convergence) 
for the disturbance estimate tend to reduce the phase 
lead of the pressure prediction.  A model-based method 

for load disturbance estimation (such as considering 
boom kinematics) may reduce the necessity of high 
feedback gains.  Efforts to reduce sensitivity to model 
uncertainty would also improve the observer’s accuracy 
in practice.   

CONCLUSION 

Modeling and analysis of the DC hydraulic system 
indicate that 40 ms or more of lead time is required for 
feedforward control of actuator pressure and velocity. 
The intended skid-steer loader application allows a 
reference input delay of this duration.  A discrete time 
observer is proposed to predict future changes in system 
pressure.  Successful observer operation was shown 
with simulated and measured data.  In future work, the 
proposed observer will be combined with a pressure and 
velocity control algorithm for pump-controlled 
actuation in four operating quadrants. 
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ABSTRACT 

The most important role of a hydraulic fluid is transmission of power among various roles. A bulk modulus of the fluid 
is crucial for hydraulic systems, particularly for high-pressure hydraulics. In theory, compression energy losses are in 
diverse proportional to the effective bulk modulus of the fluid, and response speed and stability depend directly on the 
square root of it. Conventional mineral oils have pretty low bulk modulus, compared to water-based hydraulic fluid. On 
the other hand, the water-based fluids are disadvantageous in lubricity and evaporation. Under the circumstances, we’ve 
searched for available oily high bulk modulus fluid, and found organic compounds with water-level bulk modulus. 

KEY WORDS  

bulk modulus, hydraulic fluid, compression energy, response speed, stability  

NOMENCLATURE 

d   : Pipe inside diameter 

   : Damping coefficient 

K   : Bulk modulus 

Koil  : Bulk modulus of pure oil 

Kpipe  : Bulk modulus of pipe wall material 
s   : Pipe wall thickness 

: Pressure change 
   : Natural angular frequency 

INTRODUCTION 

Through the development of traction fluid for cars, we 
have realized great influence of the molecular 
structure of base oil on the machine performance, that 
is, the power of the “Fluid Power”, and have been 

cultivated a molecular design and novel synthetic 
lubricant developing technology [1].  This time we 
have paid attention to the hydraulic fluid, and studied 
its possibility of evolution into a vital machine 
element. 
In recent years, stationary hydraulic drive systems 
have been changed to electric drives in various uses 
owing to response speed, control stability, design 
flexibility and cleanliness. Since hydraulic drives have 
an advantage of power density, electro-hydraulic 
drives increase in high performance area such as 
injection molding machine. So improvement of 
disadvantages of hydraulic fluid, i.e. response speed 
and stability, could strengthen its competitiveness 
(Figure 1). 
The most important role of the hydraulic fluid is 
transmission of the power among various roles, such 
as lubrication in pumps, seals, and rust prevention. 
The performance of power transmission depends on 
bulk modulus and air bubbles release ability of the 
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fluids. And base fluids have important roles in both 
properties. On the other hand, corresponding to energy 
saving in recent years, hydraulic fluids tend to be 
lower viscosity and higher viscosity index in order to 
decrease flow resistance. In general, lowering base 
fluid viscosity means lowering bulk modulus of the 
fluid, which means spoiling the primary performance 
of the hydraulic fluid (Figure 2). 

Figure 1 Present circumstances of stationary 
hydraulics 

Figure 2 Primary performance of hydraulic fluid 

In this paper effects of hydraulic fluids’ bulk modulus 
upon less compression energy loss, rapid response and 
precise controllability in hydraulic systems were 
reviewed, and developmental possibility of a practical 
oily high bulk modulus fluid which contributes to 
them was investigated.  

BULK MODULUS OF CONVENTIONAL 

LUBRICANTS 

Klaus et al. measured isothermal secant bulk modulus 

of various lubricants [2]. Read values from the 
literature at 37.8  and 50MPa are 2.68GPa of 
polyphenyl ether (5P4E) and 2.48GPa of water, 
compared to 1.65GPa of mineral oil,  on the other 
hand silicone oil has low value of 1.15GPa. Goldman 
et al. measured isothermal tangential bulk modulus of 
several kinds of synthetic fluids and mineral oils, and 
revealed that polyglycol, diester, and tributyl 
phosphate have lower bulk modulus than that of 
mineral oil has [3]. 

5P4E has disadvantages in too high viscosity and poor 
low temperature fluidity, and water based fluids have 
disadvantages in poor lubricity and easy evaporation 
to use for practical hydraulic system. In this way, any 
available high bulk modulus fluids have not been 
developed yet. 

EFFECTS OF BULK MODULUS ON 

HYDRAULIC PERFORMANCE [4] 

Summaries of the report about theoretical calculation 
on effects of a high bulk modulus fluid upon 
improving hydraulic system performances are as 
follows.   
1)  In low pressure hydraulics less than about 20MPa, 
advantages in using high bulk modulus fluid are small. 
Because effective bulk modulus of the fluid is largely 
decreased by great influence of extrinsic factors (air 
bubbles and pipe wall expansion). However, enough 
pipe wall thickness and less air bubbles make it 
advantageous. 
2)  On the other hand, in high pressure hydraulics 
more than about 20MPa, advantages in using high 
bulk modulus fluid are great. Because the influence of 
extrinsic factors becomes less due to thick pipe wall 
and small air bubble size. 
Table 1 shows effective bulk modulus ratio calculated 
from pipe wall thickness ratio s/d. It says that the 
lower available pressure is, namely thinner pipe wall, 
the larger decline of effective bulk modulus ratio with 
increasing of oil bulk modulus is. 

Table 1 Effective bulk modulus ratio calculated 
from pipe wall thickness ratio 

s/d 0.01 0.05 0.10 0.15 0.20 0.25

Pmax
[MPa]

2.8 14.0 28.0 42.0 56.0 70.0

Koil [MPa]

1,400 0.60 0.88 0.94 0.96 0.97 0.97

1,600 0.57 0.87 0.93 0.95 0.96 0.97

1,800 0.54 0.85 0.92 0.95 0.96 0.97

2,000 0.51 0.84 0.91 0.94 0.95 0.96

Kpipe = 210,000 MPa for St 35.4 steel pipe

SigmaMax = 140 MPa for St 35.4 steel pipe
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A volumetric shrinkage rate of oil by compression is 
expressed with P/K and a compression energy 
loss of oil by volumetric shrinkage is expressed 
with P/(2K). For instance, when the mineral 
oil having bulk modulus of 1.4GPa is used 
under pressure of 28MPa, it is compressed by 2% 
and consequently elastic energy of 1% is preserved in 
oil, but the energy becomes loss without recovery. 
Practically the loss is larger than that, in case of axial 
piston pumps with hollow pistons to reduce inertial 
weight, which often have the same dead volume as 
volume of the displacement has, their energy loss 
becomes 2%. Many pumps with adjustable stroke, 
especially when controlled in a constant pressure or 
constant power configuration, operate most of the time 
at high pressure and low stroke. In this case, the 
displacement volume is reduced, while the dead 
volume even increases. That means the compression 
energy losses easily reach levels of several times of 
the maximum input power rating. Theoretically 
compression energy contained in the dead volume in 
pumps can be recovered. In design practice, however, 
this can only be achieved to a very minor degree, as 
output pressures vary in a wide range, making exact 
fine-tuning is impossible.  
In servo-hydraulic control circuits, performance is 
largely determined by two parameters: speed and 
stability. The technical equivalents for these are 
natural angular frequency 0 of a system’s open 
control loop, and the damping factor . For 
most applications, higher values of both are an 
advantage. As both 0 and  depend directly 
on the square root of the effective bulk modulus, 
increasing the bulk modulus of a fluid also 
increases servo performance, but three times 
faster servo valve is required. For instance, 
when the mineral oil having bulk modulus of
1.4GPa is replaced with the synthetic fluid having bulk 
modulus of 2.0GPa, speed and stability of the system 
are improved by 20% respectively. 
As mentioned above, in theory, it is confirmed that 
favorable usage for high bulk modulus fluid can bring 
various improvement of hydraulic system performance 
in terms of energy saving, high response speed and 
precise controllability. 

RESEARCH INTO HIGH BULK MODULUS 

FLUID 

Measurement of bulk modulus [5] 

Bulk modulus was calculated from measured 
high-pressure density data, as an isothermal tangential 
bulk modulus at 10, 20, 35 and 50MPa. A 
high-pressure density was measured by means of the 
plunger type high-pressure dilatometer (Figure 3) , the 
fluid was gradually pressurized from ambient pressure 

to 200MPa at 40 . The outer cylinder, with an outer 
diameter of 80.0mm and inner diameter of 30.0mm, is 
made of Ni-Cr-Mo steel. The plunger and plug are 
made of Cr-Mo steel. The plunger and plug each have 
a high pressure seal. It is comprised of an O ring, a 
back up ring and an anti-extrusion ring made of 
beryllium copper. The volume of the tested fluid at 
ambient pressure was 2ml. The volume of fluid in the 
chamber correspondent to the pressure is determined 
from the displacement of the plunger by using a linear 
gauge. 

Figure 3 Apparatus for the measurement  
of fluid’s bulk modulus 

Figure 4, 5, 6 and 7 show bulk modulus of the 
conventional base oil (poly butene, mineral oil, 5P4E, 
and water-glycol type hydraulic fluid) measured by 
this method at 10, 20, 35 and 50MPa versus kinematic 
viscosity at 40  respectively. They agree with 
preceding literature data. 

Candidate fluids synthesis 

Before synthesizing the candidate fluids, following 
interim criteria which were bare requirements for base 
fluids were fixed. 
Kinematic viscosity at 40    : less than 100mm2/s
Pour point                 : less than -20
Flash point                 : more than 200
Elements in molecule        : C, H, O, N 
                (Containing no harmful elements) 
Figure 4, 5, 6 and 7 show bulk modulus at 10, 20, 35 
and 50 MPa versus kinematic viscosity at 40  of 
newly synthesized candidate fluids together with 
conventional oils respectively.  It is proved that 
organic compounds having high bulk modulus as 
water level and also low viscosity do exist. We also 
have confirmed that fluids with high bulk modulus can 
be endowed with biodegradability. 

Fluid mlFluid ml
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Figure 4 Bulk modulus at 10MPa 
 versus kinematic viscosity of conventional oil  

and newly synthesized fluid 

Figure 5 Bulk modulus at 20MPa 
 versus kinematic viscosity of conventional oil  

and newly synthesized fluid 

Figure 6 Bulk modulus at 35MPa 
 versus kinematic viscosity of conventional oil  

and newly synthesized fluid 

Figure 7 Bulk modulus at 50MPa 
 versus kinematic viscosity of conventional oil  

and newly synthesized fluid 

GAS SOLUBILITY OF HIGH BULK MODULUS 

FLUID 

Measurement of gas solubility 

As high bulk modulus fluids have small free volume 
of the molecules, gas solubility is expected to be low, 
and so nitrogen gas solubility was measured by means 
of the diffusion type gas-solubility apparatus at 23.5
(Figure 8) [6] [7].  

Figure 8 Diffusion type gas-solubility apparatus 

After full volume of volumetric cell and half volume 
of balance cell were filled with test fluid by pump, 
nitrogen gas was introduced into the balance cell up to 
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2.5MPa or 4.5MPa. Then fluid was circulated through 
volumetric cell and balance cell until pressure became 
stable. After valve  and valve  were closed, 
valve  was opened gradually, and diffused gas 
volume was measured with graduated cylinder. Figure 
9 shows measured nitrogen gas solubility of high bulk 
modulus fluids and mineral oil versus pressure. 

Figure 9 N2 gas solubility versus pressure 

Figure 10 shows bulk modulus at 50MPa of the fluids 
versus N2 gas solubility at 0.1MPa, 20MPa and 50MPa 
calculated under the Henry’s law. 

Figure 10 Bulk modulus versus N2 gas solubility 

As shown in Figure 10, high bulk modulus fluids have 
extremely lower gas solubility than that of mineral oil 
has.

That is to say, high bulk modulus fluids tend not to 
generate cavitation and tend not to generate air 
bubbles caused by gas solubility difference under high 
pressure and ambient pressure. In addition, generated 
air bubbles tend to separate from the fluids easily due 
to high density of the fluids. 
High bulk modulus fluids are expected to have an 
excellent hydraulic performance under low pressure as 
well.

EXPERIMENTALLY FORMULATED FLUID 

Table 2 shows an example of test result of 
experimentally formulated fluids which consist of two 
of candidates shown in Figure 4-7. Although there is 
room for improvements, it has enough performance 
compared to conventional biodegradable hydraulic 
fluid. 

SUMMARY 

1)  There is a possibility that energy saving, response 
speed and precise controllability of the hydraulic 
system can be improved by using the high bulk 
modulus hydraulic fluid. 

2)  The organic compounds having high bulk 
modulus as nearly water level and also low 
viscosity with no harmful elements have been 
found.  

3)  Biodegradability and high bulk modulus can be 
compatible. 

4)  As high bulk modulus fluids have very low gas 
solubility and high density, they are expected to 
have an excellent hydraulic performance under low 
pressure as well. 

5)  Newly synthesized oily high bulk modulus fluids 
are expected to be base oils of new concept 
hydraulic fluids. 

PLANS FOR THE NEXT STAGE 

1)  Optimization of base fluid compound  
2)  Verification of the effects on energy saving, 

response speed and precise controllability. 
3)  Study of possible applications which make the 

most of oily high bulk modulus fluids. 

We sincerely hope that the development contributes 
toward upgrade of hydraulic systems.   
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ABSTRACT 

This paper presents experimental and numerical simulation results of the electric and flow fields in a charge injection 
type of electrostatic oil filter. A previous work has shown that flow is generated from the tips of the projections of the 
emitter electrode towards the smooth electrodes because of ion drag phenomenon and that the flow may detach part of 
the contaminant particles captured on the smooth electrodes and may be the principal cause of the saturation of the 
filtration speed at higher applied voltages and oil temperatures. In order to minimize the bad influence of the ion drag 
flow on the filter performance, it is important to be able to predict the flow in filters of various configurations by 
numerical simulation. Experimental results of the flow field are compared to numerical simulation results. In addition, 
electric potential distribution is measured and is compared between experiment and simulation. It is shown that the 
magnitude of the ion drag flow is increased with increasing applied voltage, is decreased with decreasing electrode 
spacing and is larger for negative charge injection than for positive charge injection. Similar results can be obtained by 
numerical simulations but the improvement of simulation accuracy is necessary. 

KEY WORDS  

Electrostatic oil filter, Charge injection, Ion drag flow, EHD simulation, 

NOMENCLATURE 

Di  : ion diffusivity 
E   : electric field
fx, fy  : Coulomb force  
h  : height of projection 

j : current density 
p   : pressure  
q   : charge density  
s   : electrode spacing 
T  : oil temperature 
  : magnitude of ion drag flow 
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V  : applied voltage 
V   : velocity
x, y  : x and y coordinates 
  : permittivity 
  : viscosity 

μi  : ionic mobility  
  : electric potential  
   : mass density 
  : conductivity 

INTRODUCTION 

An electrostatic oil filter can remove 
submicrometer-sized contaminants such as the oxidation 
products of additives from oils. By virtue of this 
characteristic, it has contributed to lengthening the lives 
of lubricating oils and to decreasing waste oil as well as 
failures of machines including hydraulic systems [1,2]. 
However, the filtration speed of electrostatic oil filters is 
slow and it usually takes a long time for a contaminated 
oil to be purified.  
Yanada and his coworkers [3,4] have proposed a new 
type of electrostatic oil filter, named charge injection 
type of electrostatic oil filter. The new filter uses one or 
more set(s) of an emitter electrode with many sharp 
projections and two smooth plate electrodes. The 
application of a high DC voltage between the emitter 
and smooth electrodes enables electric charges with the 
same polarity as that of the emitter electrode to be 
injected from the tips of the sharp projections into oils. 
If the electric charges injected can be adsorbed on the 
surfaces of the contaminants, the magnitude of 
Coulomb force exerted on them becomes larger and the 
contaminants may be easily removed from oils. It has 
been demonstrated using many types of oil that the 
filtration speed is increased to a great or some degree 
[3,4]. 
Previous investigation [5] has made clear the effects of 
mechanical factors such as the applied voltage, 
electrode spacing on the filtration speed. In addition, it 
has been shown that the filtration speed is apt to be 
saturated at higher applied voltages and oil temperatures. 
Observation of particle motion using a two-dimensional 
filter model has shown that oil flow caused from the tips 
of the sharp projections by the ion drag phenomenon 
may detach the contaminant particles from the surface 
of the smooth electrodes and that the ion drag flow is 
the primary cause of the saturation of the filtration 
speed [5]. In addition, in the previous investigation, 
only electrostatic field simulations were made to discuss 
the effect of the mechanical factors. If the flow field as 
well as the electric field in a filter can be predicted by 
numerical simulation, it will be helpful to design a filter 
with a better performance. 
The ion drag phenomenon has been applied to ion drag 
pumps, heat transfer enhancement, etc. Numerical 

simulations of ion drag flow have been made but 
comparison between measured and simulated flow 
fields has hardly been done so far.  
In this paper, using a two-dimensional filter model, the 
flow field and electric field are measured. In addition, 
numerical simulations are conducted and simulation 
results are compared with measured ones.  

EXPERIMENTAL APPARATUS AND METHOD 

Test oils 

Two types of hydraulic fluids and a multipurpose oil 
were used for flow field observation. In Table 1, the 
values of the conductivity and viscosity of the test oils 
at 313K (40oC) are shown. Porous plastic particles, of 
which specific gravity is 1.02 and of which size ranges 
from 75 to 150 μm, were mixed into the test oils to 
visualize the ion drag flow. It was confirmed that the 
plastic particles were hardly charged in all the test oils 
and that the particle motion represented the motion of 
oil. 

Table 1 Physical properties of test oils at 313K 
(  : conductivity, μ : viscosity) 

Oil no. (S/m) (mPa•s) 
1 1.24 10-10 39.4 
2 4.71 10-13 27.1 
3 2.48 10-9 36.48 

Observation of flow pattern 

A schematic of the experimental apparatus used is 
shown in Figure 1. A test oil in reservoir 1  is fed into 
the filter model 5  by a gear pump 3  and then 
returns to the reservoir. The oil in the reservoir is stirred 
by a magnetic stirrer 2  to avoid the gravitational 
sedimentation of the plastic particles. A DC voltage is 
applied by a high DC power supply 6 . The magnitude 
of the applied voltage was changed from 8kV up to 
14kV in order to evaluate the effect of the applied 
voltage. The polarity of the applied DC voltage can be 
changed. The flow rate was adjusted to 2.19 10-6 m3/s 
by an inverter 4 . The temperature of the oil is 
controlled during the experiment by using a heater 7

and a thermoregulator 8 . The motions of the particles 
were observed by a CCD camera 10  and the flow field 
was analyzed by a PIV technique using computer 11 . In 
order to make the observation easy, approximately 
two-dimensional emitter electrodes were used as shown 
in Figure 2. The emitter electrodes are made of stainless 
steel and the rectangular projections were machined by 
laser beam. A transparent electrode was used as the 
smooth electrode for a plane light 9  to be penetrated 
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into the filter model, and is made of glass of which 
surface is coated by a conductive material (SnO2). 
Emitter electrodes with different heights, h=5.5, 4.5 and 
3.5mm, of the projection were made and the heights 
correspond to the electrode spacing of s=4, 5 and 6mm, 
respectively.  
The magnitude of the applied voltage was varied from 
8kV to 14kV while the electrode spacing was kept at
s=4mm in order to investigate the effect of the applied 
voltage. When the ion drag flow was observed under 
different electrode spacings, the magnitude of the 
voltage was kept at 10kV. The oil temperature was kept 
at T= 313K. 

Figure 1 Schematic of apparatus used to  
observe ion drag flow 

Figure 2 Schematic of two-dimensional  
emitter electrode 

Measurement of electric potential distribution 

In order to make clear the electric field between the 

electrodes, it is important to measure the electric 
potential distribution. Figure 3 shows a schematic of the 
apparatus used to measure the electric potential 
distribution. Because it takes a long time for the 
measured value at one point to be settled, the potential 
was measured only along the projection center line. A 
probe 6 , which is made of stainless steel wire of 0.3 
mm in diameter and is covered by a ceramic hollow 
tube of 1mm in outer diameter, is inserted between the 
electrodes and can be moved along the center line. The 
steel wire sticks out of the ceramic tube by 0.3mm as 
shown in Figure 3. The probe is connected to a circular 
plate 5  made of stainless steel. The electric potential 
of the circular plate is measured by using a surface 
potential meter 3  through a non-contacting probe 4 .
A DC voltage is supplied by a high voltage power 
supply 2 .
In order to measure the electric potential distribution 
under different applied voltages, the electrode spacing 
was kept at s=5mm and the applied voltage was varied 
from 8kV to 14kV. The applied voltage was kept at 
V=10kV and electrode spacing was changed from 4 to 6 
mm when examining the effect of the electrode spacing 
on the electric potential distribution. 

Figure 3 Schematic of apparatus used to measure 
electric potential distribution 

NUMERICAL SIMULATION 

In the simulations, two-dimensional, incompressible, 
steady, laminar flows are assumed. Because of relatively 
high viscosities of oils and relatively low flow velocities, 
the assumption of laminar flow is appropriate. Figure 4 
shows the unit area to be analyzed. Taking the 
symmetry of the configuration into account, only a half 
of the observation area shown in Figure 2 was used for 
simulation. Followings are the basic equations that 
describe the flow field and electric field: 
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Continuity equation: 
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Charge conservation law: 
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Current density: 
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Gauss' law: 

q
yx 2

2

2

2

(6)

Coulomb force: 
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All the equations were discretized by a finite volume 
method and SIMPLE algorithm was used to solve the 
discretized equations.  
In the numerical simulation of the ion drag flow, the 
injected charge density has to be given as a boundary 
condition but it cannot be theoretically known. In 
addition, it is known that at high electric fields, the ionic 
mobility does not obey the Walden's law and becomes 
significantly larger than that predicted by the Walden's 
law [6]. However, it has not been known how the ionic 
mobility depends on the electric field. In the simulations, 
the values of the injected charge density and the ionic 
mobility are found by trial and error for each test oil. It 
is assumed that charges are injected only from the 
surface of the projection tip (Figure 4) and that the 
amount of injected charges is proportional to the 
maximum electric field strength at the projection tip of 
electrostatic field. 

RESULTS AND DISCUSSION 

Examples of flow field obtained from experiment and 
simulation are shown in Figures 5 and 6, respectively. 
As can be seen from both figures, vortices are formed 
above and below the projection. The forms of the 
vortices are different to some degree between 
simulation and experiment but are relatively similar. 

10

s0.3

(Unit: mm)

Projection

Tip of
projection

Smooth
electrode

Emitter
electrode

y

x

Figure 4 Example of unit area for numerical simulation  

In order to evaluate the agreement between simulation 
and experiment, the velocity distribution in a slender 
rectangular region, shown in Figures 5 and 6, 0.5 mm 
above the projection is compared in Figure 7. It can be 
seen form Figure 7 that the maximum velocity is almost 
the same but that the velocity distribution in the 
simulation is not similar to that obtained by the 
experiment. The ion drag flow pattern is sometimes 
fluctuated with time and the electrode configuration is 
not exactly two-dimensional. In addition, the values of 
the injected charge density and the ionic mobility might 
not be necessarily appropriate. It is considered that 
those may be the causes of the difference between the 
experimental and simulation results. 
Figure 8 and 9 show the effects of the applied voltage 
and the electrode spacing on the magnitude of the ion 
drag flow, respectively. In addition, comparisons 
between the experimental and simulation results are 
made. As described above, the flow is sometimes 
fluctuated and the measurement along or near the 
projection line was not easy. Therefore, the average 
magnitude of the velocity in the rectangular area shown 
in Figures 5 and 6 was used. 
Figure 8 shows that the magnitude of the flow velocity 
increases with the increase in the magnitude of the 
applied voltage. The magnitude of the flow velocity 
increases almost linearly in the simulation. This is 
because the amount of the injected charge density was 
assumed to be proportional to the maximum electric 
field strength at the projection tip for electrostatic field.  
Figure 9 shows that the increase in the electrode spacing 
brings about a larger ion drag flow velocity. The 
increasing tendency of the velocity in the simulation is 
the same as the experiment, but the magnitude is lower. 
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Figure 5 Example of measured flow field 
(Oil 1, V=+10kV, s = 4mm, T=313K) 
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Figure 6 Example of computed flow field 
(Oil 1, V= 10kV, s = 4mm, T=313K) 
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Figure 7 Comparison of velocity distribution between 
experiment and simulation for oil 1 
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Figure 8 Effect of applied voltage on ion drag flow 
(s=5mm, T=313K)
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Figure 9 Effect of electrode spacing on ion drag flow 
(V=+10kV; T= 313K)

The polarity of the charge injection also affects the ion 
drag flow as shown in Figure 10. The magnitude of the 
flow velocity increases with increasing applied voltage 
more strongly for the negative charge injection than for 
the positive one. It has been shown that negative 
charges are more easily injected than positive ones [4]. 
It has been pointed out that the ion drag flow may 
prevent contaminant particles from being captured on 
the smooth electrodes [5]. Therefore, when in particular 
injecting negative charges, some measures to minimize 
the bad influence of the ion drag flow have to be taken. 
This is the subject for a future study. 
The results of the measurement and simulation of the 
electric potential distribution for different applied 
voltages for oil 2 are shown in Figure 11. The potential 
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is monotonously decreased from the projection tip to the 
smooth electrode for the simulation while bumps appear 
between the electrodes in the measured potential 
distribution curves. Such difference may arise from 
inappropriate values of the injected charge density and 
ionic mobility and the elucidation of the cause of the 
difference is also the subject for a future study. Similar 
potential distributions to Figure 11 were obtained for the 
other test oils. 
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Figure 10 Effect of applied voltage polarity on ion drag 
flow (oil 3, s=5mm, T=313K)
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Figure 11 Effect of applied voltage on electric potential 
distribution (oil 2, s=5mm) 

CONCLUSIONS 

In this paper, ion drag flow field and electric field in a 
charge injection type of electrostatic oil filter were 

examined by experiment and numerical simulation. It 
was shown that the magnitude of the ion drag flow is 
increased with increasing applied voltage and decreased 
with decreasing electrode spacing and that those results 
can be obtained also by numerical simulation, though 
the simulation accuracy is not very good. In order to 
improve the simulation accuracy, the dependences of the 
injected charge density and the ionic mobility on the 
electric field strength need to be found out. 
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ABSTRACT 

Temperatures of a swash plate, cylinder block, and a valve plate of swash-plate type axial piston pumps with a rotating 
cylinder block and a rotating swash plate were measured. Thermocouples were embedded underneath these parts. 
Hydraulic mineral oils with ISO VG22, 32, 46, and 68 and a water–glycol type hydraulic fluid with VG32 were used as 
test fluids. The maximum discharge pressure was 20 MPa and the maximum rotational speed was 28.3 rps. The inlet oil 
temperatures were specified as 293–313 K. At the atmospheric pressure to the maximum discharge pressure, the 
temperatures, flow rates, and the torque were measured. Results support the following conclusions: i) as the discharge 
pressure increased, the temperatures of the swash plate, cylinder block, and the valve plate increased in almost direct 
relation; ii) the cylinder block temperature at the bottom dead center of the pistons increased markedly; iii) the 
temperature increases using the water–glycol fluid were noticeably smaller than the rises using the mineral oils; and iv) 
the temperature rises became large for higher fluid viscosity and lower inlet oil temperature. 

KEY WORDS  

Fluid power, Tribology, Axial piston pump, Temperature, Experiment 

NOMENCLATURE 

N : Rotational speed 
pd : Discharge pressure 
Qd : Discharge flow rate 
t : Temperature 
td : Discharge oil temperature 
tin : Inlet oil temperature 

t : Temperature rise = t tin

 : Total efficiency 
v : Volumetric efficiency 

Subscripts 
A, B, C, D, E : Temperature measuring points on the 
   swash plate 
a, b, c, d, e : Temperature measuring points in the 
   cylinder block 
CB : Cylinder block 
m : Average 
SP : Swash plate 
VP : Valve plate 

,  : Temperature measuring points on the 
   valve plate 
0 : Standard 
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INTRODUCTION 

Hydraulic pumps and motors are expected to operate 
under high pressure and under a wide range of speed 
conditions to be compact, and to have a long useful life 
while maintaining high reliability and high efficiency. 
Higher power density forces severe operation at 
tribological parts of the pumps and motors, resulting in 
heat generation and seizure. 
The need exists for a tool of optimum design and precise 
estimation including the influence of heat generation and 
thermal lubrication. For example, Wilson [1] pointed out 
that the optimum clearance based on the isothermal 
theory is insufficient to design displacement pumps. 
Swash-plate type axial piston pumps offer high 
efficiency and high power density. Yamaguchi et al. 
[2 4] experimentally investigated the effects of 
operation conditions and working fluids on the 
performance and temperature of an axial piston type test 
pump, where the thermocouples were installed in the 
cylinder block. Ivantysynova [5] and Olems [6] 
measured the temperature distributions of the cylinder 
block around the cylinder bores using the test pump with 
installed thermocouples in the cylinder block. They have 
been given the temperature distribution of and compared 
with the thermohydrodynamic lubrication (THL) 
analysis. Subsequently, Wieczorek and Ivantysynova [7] 
developed simulation software for the swash-plate type 
axial piston pump. However, the specification of the test 
pumps and the condition of the experiment differed from 
those of actual hydraulic pumps. 
On the other hand, for large-scale hydrodynamic 
bearings, many researchers have tackled the subject 
theoretically using THL theory [8, 9]. Furthermore, 
experimental studies of journal bearings have been 
performed by Mitsui et al. [10], Ferron et al. [11], Gethin 
and Medwell [12], and Wang et al.[13]; experimental 
studies of thrust bearings have been performed by Horner 
et al. [14] and Fillon et al. [15]. 
Kazama et al. quantitatively examined the 
thermohydrodynamic performance of circular pad 
hydrostatic thrust bearings [16] including the effect of 
the changes in physical properties of fluids as functions 
of temperature and pressure. Later, the authors 
experimentally measured the temperature of the swash 
plate and cylinder block of the piston pumps [17] under 
actual operating conditions. In this report, the 
temperatures of the valve plate as well as the swash plate 
and cylinder block of the piston pumps were measured. 
The results were compared and discussed in detail. 

EXPERIMENTAL APPARATUS AND METHODS 

The hydraulic circuit of the test rig [17] consisted of test 
pumps (a rotating type cylinder block and swash-plate 
rotating type axial piston pumps, with maximum 
discharge pressure of 21 MPa, and theoretical 

displacement of 10 ml/rev), a three phase induction 
motor (7.5 kW), an electric inverter, a strain-gage type 
torque sensor (20 N·m), flow-rate meters (4000 and 2000 
l/h), a pressure transducer, thermistors, thermocouples, 
valves, an oil-cooler, and a reservoir. The locations of the 
thermocouples installed in the swash plate, cylinder 
block and the valve plate are illustrated respectively in 
Figs. 1–3. Figures 1 and 3 depict the rotating cylinder 
block type pump; Fig. 2 is the rotating swash-plate type 
pump. Pumps of two types were prepared with 
thermocouples installed in the stationary parts of each 
pump. 

A
Cylinder block Swash plate

Piston assy

DB E

C

Figure 1 Location of thermo-couples installed in the 
swash plate (rotating cylinder-block type piston pump) 

c b a

e

Cylinder block

Casing

Swash plate

d

Piston assy

Figure 2 Location of thermo-couples installed in the 
cylinder block and casing (rotating swash-plate type 

piston pump) 

Cylinder blockValve plate

Figure 3 Location of thermo-couples installed in the 
valve plate (rotating cylinder-block type piston pump) 
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The induction motor drove the test pump through the 
torque sensor. Thermistors were placed at the pump inlet 
and the flow meters were installed in the discharge line 
and the drain line. The test oils were mineral oil type 
hydraulic fluids with ISO VG22, 32, 46 and 68 
(designated as MO22, MO32, MO46 and MO68 
respectively) as well as a water–glycol type hydraulic 
fluid with ISO VG32 (50% water content, WG32). The 
fluid densities were 866, 869, 872, 875, and 1069 kg/m3;
the kinematic viscosities at 40/100°C were 23/4.4, 33/5.5, 
46/6.9, 68/8.7, 33/7.4 mm2/s, respectively. 
The experiment was conducted as follows: the oil 
temperature at the test pump inlet and the rotational 
speed of the pump were set; the discharge pressure was 
increased from atmospheric pressure to 20 MPa 
(maximum) by 1 MPa; then decreased from 20 MPa to 
the atmospheric pressure by 1 MPa. At each setting 
pressure, the discharge flow-rate, drain flow-rate, torque 
and temperatures were measured. 

RESULTS AND DISCUSSION 

Swash plate temperature 

Figures 4 and 5 respectively depict the pump 
performance curve and the swash plate temperature using 
the rotating cylinder-block type test pump. In the 
performance curve of Fig. 4, it is readily apparent that the 
repeatability was good. In Fig. 5 the temperatures tA
through tE increased in almost direct relation to the 
discharge pressure pd. The temperature tA at the 
measuring point of the swash plate was highest; it 
corresponded to the trapping part between the 
crescent-shaped discharge and suction ports. 
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Figure 4 Pump performance curve (rotating 
cylinder-block type, MO46, N=25 s 1, tin=30 C)

Figure 6 depicts effects of oil types on the temperature 
rise tA of the swash plate at point 'A' [17], where the rise 

tA=tA tin was defined. The tendency of the temperature 
rise tA through tE was similar. For all oils tested, the 
rise tA increased as the discharge pressure pd increased. 
The higher the oil viscosity grade, the higher the rise of 

tA.
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Figure 5 Temperatures of the swash plate (rotating 
cylinder-block type, MO46, N=25 s 1, tin=30 C)
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It is noteworthy that, from the atmospheric pressure to 
the maximum discharge pressure pd=20 MPa, the rise tA
using the water–glycol hydraulic fluid (WG32) was only 
13°C; it was lowest among the oils tested, but the rise tA
using MO68 was greater than 30°C. 
Figure 7 portrays the effect of the rotational speed N on 
the swash plate temperature. In that figure, the lines are a 
guide to the reader’s eye. As speed N increased, the 
temperature rise increased because of the viscous 
dissipation in the fluid film and frictional heating in 
metallic contact. 

Cylinder block temperature 

The rotating swash-plate type axial piston pump was 
prepared to measure the temperature around the cylinder 
bores of the cylinder block. 
Figure 8 depicts temperatures at points 'a' – 'e' presented 
in Fig. 2 [17]. Comparing the temperatures ta, tb, and tc on 
the axial direction of the cylinder bore, ta was highest and 
tc was lowest. Measuring point 'a' was located near the 
edge of the cylinder bore: the bottom dead-center of the 
piston. The piston was acted on by the moment-load. 
Therefore, the piston inclined in the bore and locally 
contacted at the edge of the bore. The reciprocating 
action of the piston results in higher solid friction and 
larger heat generation. 
On the other hand, point 'c' was corresponding to the top 
dead-center of the piston. The part around point 'c' was 
cooled by suction of the low-temperature fluid and by 
delivery of the heated fluid. 
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Figure 7 Effect of rotational speed N on swash plate 
temperature rise tA (MO46, tin=30 C) 

Figure 9 depicts the effect of the clearance between the 
piston and the cylinder bore on the mean temperature, 
which rises tm CB ( = ( ta + tb + tc ) / 3 ). When the 
clearance was small  (Cp = 19 m, average)  the rise in 

tm CB was low, most probably because the inclination of 
the piston in the cylinder bore was suppressed and 
frictional heating caused by the metallic contact was low. 
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Figure 8 Temperature t of the cylinder block (rotating 
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swash-plate type, MO22, N=20 s 1, tin=30 C)
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Valve plate temperature 

Temperatures t  and t  of the valve plate between the 
delivery to suction ports and the suction to delivery ports 
were measured respectively using the rotating 
cylinder-block type axial piston pump. As presented in 
Fig. 10, temperatures t  and t  increased larger than the 
discharge temperature td. Even if the temperature td

elevated only 4°C from the inlet temperature tin=30 C,
the temperatures t  and t  rose higher and became greater 
than 20 C. The difference in temperatures t  and t  was 
not clearly shown. 
Figure 11 shows effects of the inlet temperature tin of the 
hydraulic fluid on the mean valve plate temperature rise 

tm VP, where tm VP was defined as tm =(t +t )/2 tin .
As the temperature tin decreased, the temperature rise  

tm VP was higher because the viscosity was higher at the 
lower temperature, which yielded the higher viscous 
dissipation in the film of the bearing and sealing part. 
Figure 12 illustrates the effect of the rotational speed N
on the temperature rise tm VP of the valve plate. From 
comparison to Fig. 7 of the swash-plate temperature rise, 
it is readily apparent that the speed N less affected the 
rise tm VP than tm SP. The slippers run on the swash plate 
and would operate in lightly contacting mixed 
lubrication because the hydrodynamic action and 
hydrostatic action was able to support the load effectively, 
while the sliding parts between the valve plate and the 
cylinder block were strongly contacted and operated 
perfectly in mixed lubrication. 

CONCLUDING REMARKS 

Using both the rotating cylinder-block type and rotating 
swash-plate type axial piston pumps, the temperatures of 
all three main sliding parts between the swash plate and 
the slipper, the cylinder block and the pistons, and the 
valve plate and the cylinder block were measured: the 
pump performance was evaluated. The viscosity grade of 
the hydraulic fluids, type of fluid, inlet fluid temperature, 
discharge pressure, rotational speed, and piston clearance 
were selected as parameters, and the thermal lubrication 
characteristics of the pumps were examined 
experimentally under field operating conditions. The 
conclusions of this experiment are summarized as the 
following: 
As the discharge pressure increased, the temperature of 
the swash plate, cylinder block and the valve plate 
increased almost in direct relation. As the rotational 
speed increased, the temperature rises were dependent on 
operating conditions. 
The swash plate temperature at the switching parts 
corresponding to discharge and suction increased greatly. 
The cylinder block temperature at the bottom dead center 
of the pistons increased markedly. The valve plate 
temperatures at both the switching parts were almost the 
same. The sliding part temperature was higher than the 

discharge oil temperature. 
The temperature rise using the water–glycol fluid was 
noticeably smaller than the increases achieved using 
mineral oils. The temperature increases became large as 
the fluid viscosity increased and the inlet oil temperature 
decreased. 
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ABSTRACT 

In a joint research project BMW and IFAS analyzed two well known hydraulic phenomena occurring in power steering 
systems, in order to reduce noises, that are caused by these phenomena.  
The research project was subdivided into three tasks. The first task incorporated the analysis of the power steering 
system of a BMW 5 series passenger car. During this analysis an impulsive pressure pulsation phenomenon known as 
rattling as well as a periodic pressure oscillation called shuddering were measured. Both phenomena result in distracting 
noises within the passenger cabin and occur during certain different driving manoeuvres. 
The second task included the construction of two test benches to reproduce rattling and shuddering independent from 
the car. A comparison of the measured data obtained by driving tests with the collected data from the test benches 
verified their functionality and accuracy. Another advantage of the test rig is that it provides easy access to the power 
steering system’s components. Modifications can therefore be carried out in a short amount of time. 
Finally an intelligent valve was designed and tested at the two test benches. The valve can detect the two different 
hydraulic phenomena without the need of sensor signals and without causing high pressure drops. In case of rattling the 
valve softens the return line of the power steering system and in case of shuddering the return line is hardened. A softer 
return line reduces pressure pulsations while a harder return line is insensitive to periodic pressure oscillations.  
This paper describes a solution for two different hydraulic phenomena (rattling and shuddering) occurring in power 
steering systems. The solution is the integration of an intelligent energy efficient valve into the power steering system’s 
return line, which changes the stiffness of the return line depending on the occurring phenomenon without affecting the 
sensation of the steering. The functionality of the presented valve is proven by means of the test results obtained from 
two test rigs designed to reproduce the described phenomena. 

KEY WORDS  

Power Steering System, Rattling, Shuddering, Pressure Pulsation 

NOMENCLATURE 

delta_phi : angle at pinion gear   
C   : hydraulic Capacity    
F   : external load on steering cylinder   
Fkb : load an cylinder by hydropulser     
nP   : rotation speed of pump 

p   : pressure change    

pPst  : pressure at pump outlet     
pPLv  : pressure at steering valve inlet
pTLv  : pressure at steering valve outlet 
tT   : tank temperature 

V   : volume change 
ykb   : rack displacement 
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INTRODUCTION 

The reduction of ambient noise has gained great 
importance in modern automobile design. Following the 
achievements which have been made in eliminating the 
engine as a major source of noise, the latest trend in 
development focuses on ancillary components with a 
high power density. Among these components, 
hydraulic power steering systems prove to be a 
particularly challenging example. The typical design of 
a hydraulic power steering system is shown in Fig. (1). 

Figure 1 Hydraulic Power Steering System 

The steering movements of the driver cause the torsion 
bar to induce a difference angle between valve input 
shaft and valve housing. This difference angle leads to 
twisting out the steering valve, which is designed as a 
hydraulic full-bridge, so that fluid enters from the pump 
trough the pressure line and steering valve into the 
respective cylinder chamber, causing overall movement 
of the steering cylinder.  
The volumetric flow from the second cylinder chamber 
passes through steering valve and return line into the 
tank. The valve housing has a gear pinion attached to its 
end and is joined with the steering cylinder by means of 
a gear rack. Thus, the difference angle between valve 
input shaft and valve housing may be compensated by 
the axial movement of the steering cylinder. If at this 
point, an external load is applied to the gear rack 
however, the aforementioned mechanical joint between 
valve housing and steering cylinder can cause the valve 
to twist out, leading to increased pressure in the steering 
system. In this case the steering system is driven by the 
external load.  
Well known accoustic phenomena in hydraulic power 
steering systems are rattling and shuddering. These are 
frequently misinterpreted by the driver as a 
malfunctioning of the steering system. Both accoustic 
phenomena, rattling as well as shuddering, are brought 
about by two different driving situations. Rattling, for 
instance, is caused by driving over an obstacle while 
moving the steering system at slow vehicle speeds 
(Figure 2). 

Figure 2 Driving situation for rattling 

In daily traffic, kerbstones or floor sills in car parks 
constitute the most common form of such obstacles. The 
sudden load induced on the undercarriage by driving 
over the obstacle is conducted via the steering link onto 
the steering cylinder. 
In the steering system, this incitement of load causes 
pressure and volumetric flow pulsations, which result in 
the characteristic oscillating rattling noise. 
The phenomenon of shuddering on the other hand, is 
caused by moving the steering system while the brake 
system is engaged and the vehicle is at a standstill 
(Figure 3). 

Figure 3 Driving situation for shuddering 

Steering on smooth, painted car park floors can lead to a 
self induced stick-slip effect between tires and surface.  
As is the case during rattling, this incitement of load is 
transferred via the steering link onto the steering system. 
This means for the steering hydraulics, that shuddering 
causes pressure and volumetric flow pulsations, which 
are lower in frequency than those observed for the 
rattling phenomenon. However, next to the disturbing 
noise, shuddering can also be felt by the driver due to an 
oscillating torque acting on the steering wheel. 
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ANALYSIS OF THE ACOUSTIC PHENOMENA 

In a joint research project conducted by BMW and IFAS, 
both accoustic phenomena were examined. One task 
consisted in the construction of adequate test benches, 
to reproduce rattling and shuddering in a test 
environment. Both test benches had to allow for 
improved accessability to the steering system and 
should enable an efficient analysis and assessment of 
possible solutions after the tests had been conducted. In 
order to realise adequate test benches, the relevant 
incitement parameters (external load, steering wheel 
angle, etc.) were determined during road tests.  

Figure 4 shows the design of the rattling test bench. 
Different to the actual vehicle, the steering system's 
pump is powered by an electric motor. All other 
components, such as pressure lines, coolers, oil tanks, 
etc. are arranged corresponding to the test vehicle. The 
steering system is moved against a spring-mass system 
from a center position to the left, and thus pressure is 
induced on the system, which is equal to the pressure 
that had been measured in the respective cylinder 
chamber during a road tests, shortly before driving over 
the obstacle. The steering wheel is fixed in this position. 
A Hydropulser, consisting of a servo cylinder and a fast 
control valve, is inducing the same sudden load onto the 
system, which is equal to the data collected in the road 
test with the help of strain gauges attached to the 
steering links. Various sensors are installed on the test 
bench, which determine the relevant system parameters. 
The determination of pressures is established by sensors 
attached to the pump outlet (pPst), at the steering valve 
inlet (pPLv) and steering valve outlet (pTLv). Next to 
these, the load on the cylinder by the hydropulser (Fkb),
the rack displacement (ykb) and the tank temperature 
(tT) were plotted. In addition, the angle at pinion gear 
(delta_phi) and the rotation speed of the pump (nP)
were also monitored. 

Because shuddering is determined by the contact 

between tire and surface, it is imperative that the test 
bench also includes a front axle corresponding to that of 
the test vehicle. The shuddering test bench is shown in 
figure 5. In analogy to the rattling test bench, the pump 
is also fed by an electric motor. Further components 
(lines, steering gears, cooler, oil tank, wheel suspension, 
etc.) corresponded to the design of the test vehicle. A 
manually adjustable piston served as braking system, in 
order to carry out steering manoeuvres with enganged 
front wheel brakes. To simulate the weight of the engine, 
a clamped-on cylinder is used in simulating the axle 
load of the test vehicle. The characteristic steering 
profile is simulated by a position-controlled electric 
motor, which is shown in the top left corner of figure 5. 
The profile, which is steered by the electric motor, had 
been determined beforehand in a road test and assigned 
on the test bench. A major task of the test bench consists 
in simulating the stick-slip effect, which occurs during 
road test, thus shuddering pads are installed between 
tires and machine base. To determine the various system 
parameters, the sensors which are applied in the rattling 
test bench are installed in similar manner. Thus, 
pressure, rotation speed, displacement and temperature 
can be measured.  
With the help of the pressure readouts from both test 
benches, an analysis and identification of the accoustic 
phenomena can be accomplished. 
The readouts from the pressure sensors at the rattling 
test bench are given in figure 6. The pressure curves 
clearly show an incitement of the steering system 
through the hydropulser at 0.07 seconds. 
This incitement simulates the conditions experienced 
while driving the vehicle over an obstacle. In the return 
line of the power steering system, at first an increase of 
pressure up to ca. 12 bar is evident (pTLv), then a sharp 
drop to 0 bar; which is then followed by sharp pressure 
peaks. It is this drop to a 0 bar pressure level and the 
subsequent sharp pressure peaks - caused by a vibrating 
gear rack that sets the steering valve oscillating - that 
explains the characteristic rattling noise. 

Figure 4 Test bench for rattling 
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Figure 5 Test bench for shuddering 

Figure 6 Pressure signals during rattling 

The rattling experienced on the test bench constitutes a 
dampened vibration which fades away after a couple of 
cycle periods, exactly as found under road test 
conditions. Thus, next to the measured pressure 
pulsations, the oscillating steering valve has also to be 
responsible for the unsteady volumetric flow in the 
return line. The pressure drop to 0 bar, and the 
subsequent pressure peaks could even lead one to 
presume that cavitation is taking place. This initial 
assumption was confirmed in a test in which a visible 
section was integrated into the return line [1]. Figure 7 
shows the flow channel in the visible section.  

Figure 7 Cavitation bubbles in the return line 

The left image shows the normal condition. The flow 
channel contains a transparent flow, which is 
illuminated by a source of light beneath the visible 
section. When the rattling phenomenon commences, 
the flow channel is temporarily darkened by cavitation 

bubbles and the light source will only illuminate the 
upper and lower margin of the vision panel.  
The pressure curves during shuddering are shown in 
figure 8. 

Figure 8 Pressure signals during shuddering 

If the steering wheel is moved from its central position, 
the pressure in the steering system increases up to 40 
bar. Next, the linear increase of system pressure is 
superimposed by a periodic pressure oscillation, which 
can be measured at the high pressure side of the 
steering valve (pPst, pPLv), as well as on the low 
pressure side (pTLv). The pressure pulsations during 
shuddering are significantly lower in frequency at 20 
Hz than during rattling. Steering movements on critical 
surfaces lead to stick-slip effects on the tires that set the 
entire steering system pulsating, which is facilitated by 
an inappropriate front axle geometry and wide tires. 
Next to the disturbing noise, this periodic pressure 
oscillation leads to a fluctuation in steering wheel 
torque, which is experienced as a shuddering sensation 
by the driver. 

TROUBLESHOOTING 

To eliminate both noise phenomena - rattling and 
shuddering - an additional component was to be 
developed, which can be integrated into the existing 
steering system According to the results obtained from 
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the test benches, a reduction of pressure fluctuation in 
the steering system would correspond to a reduction in 
noise in the entire system, for rattling as well as for 
shuddering.  
The integration of an additional component into the 
pressure line was not an option though, because 
resonators were already installed in the pressure line as 
a standard measure to reduce pump pulsation. 
Possible solutions to reduce pulsation of power steering 
systems have already been thoroughly treated by [2, 3]. 
A solution for the return line has to meet the following 
requirements, set by BMW: 

The additional component is integrateable 
into the return line of the steering system 
Minimal drop in pressure under normal 
conditions 
The point of activation must be detected 
without electronic sensors 
To minimize pressure oscillation no external 
source of energy is used  
Simple design of the additional component 

Prior to developing a new solution, existing 
production-model solutions were examined and their 
pros and cons analyzed. There are two orifices 
integrated into the production-model return line, which 
produce constant pressure drops. Because of these 
orifices, a back pressure is building up downstream 
from the steering valve, which counteracts the 0 bar 
pressure level in the case of rattling and thus 
antagonises the formation of cavitation. However, the 
increased pressure drop also creates an increase in the 
steering system’s energy consumption. 
This additional resistance also leads to a shift in the 
eigenfrequency of the entire system, thus shuddering is 
– compared to a return line without orifices – reduced 
but not eliminated. Thus, next to a higher pressure drop 
in the return line, the orifices are also responsible for a 
modified line capacity. The hydraulic capacity can be 
calculated, as shown in Eq. (1): 

dp
dVpC )(     (1) 

An increased pressure drop at a constant tube-chamber 
volume leads to a lower capacity and thus to a higher 
stiffness of the return line. In order to determine the 
consequences of a change in capacity on rattling and 
shuddering, a simulation model (as shown in figure 9) 
was built up in DSHplus.
In the simulation, the capacity of the individual tubes 
can be parameterised in the contact points of the 
hydraulic components, termed volume knots. The 
simulation results show, that no rattling will occur in a 
soft return line with a high capacity. In the case of 
shuddering however, it is imperative that the return line 
is hard and of little capacity, in order to prevent 

self-induced pressure oscillations.  

Figure 9 Simulation model of the steering system 

This means, that the return line has to be designed with 
little capacity, which must be increased significantly by 
a control element if shuddering should occur. In order 
for the control element to be able to distinguish 
between rattling and shuddering, the decrease in 
pressure at the measuring orifice is used as a triggering 
signal. 
Since rattling will cause an impulsive increase of 
volumetric flow through the system in contrast to 
shuddering, the decrease of pressure at the measuring 
orifice will be significantly higher, which also results in 
an increase of the load acting on the orifice. This 
increase of load can be used to activate the control 
element. A decisive advantage over the production- 
model solution is constituted by the fact, that the 
diameter of the measuring orifice can be dimensioned a 
good deal larger than the diameter of the original 
orifice plate. This is due to the fact that it does not have 
to function in building up back pressure.  
The design of a first prototype is shown in figure 10. 

Figure 10 Sectional view of first prototype 

The prototype is based on a cross-connection through 
which the fluid flows from the left side to the right. The 
top and bottom plugs of the cross-connection are 
connected with a capacity. The control element is 
designed as a slider, which generates a pressure drop, 
dependent on the volumetric flow. If the volumetric 
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flow rises up to a switch point, the slider moves to the 
right against the spring force and opens a connection to 
the capacity through its radial holes. The elasticity can 
be adjusted with a lock nut. 
The capacities used are flat tubes made by ContiTech, 
which excel in their volumetric expansion ability. 
Design results for the rattling test bench with an 
installed prototype are shown in figure 11.  

Figure 11 Prototype on the rattling test bench 

Both flat tubes were attached as dead ends to the 
cross-connection. When rattling, there was clear 
evidence of breathing visible at the flat tubes, which 
was not the case during shuddering. This fact already 
indicates the functionality of the prototype valve. The 
plotted pressure signals verify it. 

CONCLUSION 

During rattling (see figure 12), there is no evident  
pressure drop and no pressure peaks caused by 
cavitation. The additional capacities integrated into the 
system by means of flat tubes, smooth the pressure 
curve in the return line. 

Figure 12 Pressure signals during rattling with 
integrated protoype 

Although the incitement of the steering system by the 
impact of the hydropulser is clearly visible at 0.075 sec, 
there is no periodic oscillating pressure, as had been 
the case before (compare to figure 6). Acoustically, the 
impact of the hydropulser is now only audible as a 
dampened noise, which subsides immediately. 
The prototype also has a positive effect on system 
behavior during shuddering (see figure 13). In this 

loading case, both capacities are shut off from the rest 
of the system by the closed valve slider. The return line 
has a lower capacity and thus a higher stiffness. 

Figure 13 Pressure signals during shuddering with 
integrated protoype 

Compared to the results of measuring shuddering in the 
standard production-model line (see figure 8), pressure 
pulsations in the return line could be significantly 
reduced. At the same time, the pressure amplitude was 
lowered on the high pressure side, downstream from 
the steering valve. Thus, a positive effect on steering 
wheel torque can be sensed by the driver, since no 
shuddering can be felt on the steering wheel while at a 
standstill on smooth surfaces.  

By means of integrating the valve prototype into the 
return line of the steering system, a significant 
reduction of pulsating pressure during rattling as well 
as shuddering can be achieved. The reduction of 
pulsation leads to an elimination of the disturbing noise, 
which is clearly audible when the product-model line is 
used in the return line. In addition, the integration of 
the valve prototype leads to the removal of the two 
orifices of the product model line, thus leading to a 
reduction of the overall system pressure drop. This 
leads to increased fuel efficiency for the entire steering 
system. The radial arrangement of the flat tube around 
the steel tube would furthermore constitute an 
improvement in design, saving installation space. 
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ABSTRACT 

A quarter wavelength side branch resonator has been widely used as a reactive type silencer to attenuate pressure 
pulsation in hydraulic circuit. The structure of this conventional silencer is very simple and therefore it is a useful 
device in terms of cost efficiency. However, it is also known as a rather narrow frequency banded resonator that only 
attenuates the odd order harmonics of the pressure pulsation.  
In this study, the attenuation performance of side branch resonator in the hydraulic line is examined numerically by 
changing the parameters such as the insertion location of side branch and the length of connecting pipe between the side 
branch and termination load of circuits. The level of attenuation is accessed by insertion loss which is defined as the 
ratio of overall amplitude harmonics of pressure pulsation with and without the side branch. The paper describes the 
fundamental principle of side branch and the mathematical model of insertion loss characteristics. Some calculation 
results for the insertion loss characteristics are carried out to show the influence of even order harmonics and the 
interaction of pump, termination load and all pulsation propagation characteristics of the circuit including side branch. 

KEY WORDS  

Hydraulic Silencer, Insertion Loss, Pressure Pulsation, Side Branch 

NOMENCLATURE 

a : Transfer matrix of upstream line of side branch 
b  : Transfer matrix of downstream line of side  

branch 
c : Speed of sound 
IL : Insertion loss 
ILOA: Insertion loss using overall pressure pulsation 
L : Length of side branch 
L2 : Length between pump and side branch 
L3 : Length between side branch and termination load 
P : Pressure pulsation 
P’ : Pressure pulsation with side branch 
Pd : Discharge mean pressure 

Qm : Mean flow rate 
Qs : Source flow pulsation 
r : Radius of pipe 
s : Laplace operator 
T : Transfer matrix of side branch 
TL : Transmission loss 
Wi : Incident energy of pulsation into silencer 
Wi : Transmitted energy of pulsation through silencer 
Z2 : Impedance of downstream line of side branch 
Zc : Characteristics impedance of side branch pipe 
Zc.c : Characteristics impedance of connecting pipe 
ZT : Load impedance 
Zs : Source impedance of pump 
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 : Pump rotational angle 
 : Kinematic viscosity of working fluid 
(s): Coefficient which express viscosity resistance 
 : Density of working fluid 

INTRODUCTION

Figure 1 Basic structure of side branch resonator and its 
resonance mode 
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It is well known that all positive displacement pumps 
generate a flow pulsation, which interacts with the 
system to produce pressure pulsation. This pressure 
pulsations are usually the primary source of system 
noise because they are very easily transmitted 
throughout the entire system and then excite the 
mechanical vibrations that generate audible noise. The 
pressure pulsation is a periodic function of time with a 
fundamental frequency and higher harmonics. 
Consequently, if the pump runs relatively constant in the 
operation cycle such as in a hydraulic excavator, an 
injection molding machine, etc., the harmonic 
frequencies of pressure pulsation would be almost 
constant. For this kind of hydraulic systems, a side 
branch resonator is often used as a hydraulic silencer [1]. 
This silencer is only a branch pipe installed in the main 
flow line. Since its simple structure and low cost, it is 
known as one of the most effective way to reduce 
pressure pulsation for an application which operates at a 
constant speed.  

0
5

10
15
20
25
30

0 f1 f2 f3 f4 f5 f6

TL
 [d

B]

Harmo z)nic Order (f1=200HHarmonics order

TL
[d

B
]

Figure 2 Transmission loss of side branch resonator 

In this report, the attenuation performance of side 
branch resonator in the hydraulic line is investigated 
numerically by changing the circuit parameters such as 
the insertion location of the side branch resonator and 
the length of connecting pipe between the side branch 
resonator and termination load of circuits. The level of 
attenuation is accessed by the insertion loss which is 
defined as the ratio of the overall amplitude harmonics 
of pressure pulsation with and without the side branch 
resonator. The paper describes the fundamental principle 
of side branch resonator and the mathematical model of 
insertion loss characteristics. Some calculation results 
for the insertion loss characteristics are carried out to 
show the influence of even order harmonics and the 
interaction of pump, termination load and all pulsation 
propagation characteristics of the circuit including side 
branch resonator. 

SIDE BRANCH RESONATOR 

Figure 1 shows the basic structure of a side branch 
resonator and the schematic diagram of its resonance 
mode. Since the termination end of side branch 
resonator is closed and the connection end to the main 
line is opened, the standing waves of pressure and flow 
pulsation become the resonance mode at frequencies 
correspond to a quarter wave length and its odd number 

multiples. Therefore the pressure pulsation can be 
attenuated around these frequencies.  
The wave propagation characteristics of side branch 
resonator can be expressed by Eq. (1) as a four pole 
Laplace transfer matrix, provided that the boundary of 
inlet and outlet is set by the dotted line in Fig.1.  

1 0
1 ( )tanh 1
( )

a b

a b
c

P P
s s LQ Q

Z s c
   (1) 

where Pa and Qa , Pb and Qb are pressure and flow 
pulsation at inlet and outlet of side branch resonator 
respectively. Zc is the characteristic impedance of the 
branch pipe and (s) is the complex coefficient for 
unsteady laminar viscous friction effect [2]. 

2

( )( )c
c sZ s

r
          (2) 

2 2( ) 1s
r s r s

        (3) 

Once the transfer matrix of the side branch resonator is 
obtained, the transmission loss can be also derived from 
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this transfer matrix [3]. Transmission loss is a measure 
which express an attenuation performance of hydraulic 
silence itself and is defined as the ratio of the incident 
energy Wi to the transmitted energy Wt when there are 
no reflections in the downstream line of silencer. It is 
often used to compare the relative performance of 
silencers. With the transfer matrix elements of a silencer 
T1.1 ~ T2.2, the transmission loss is described as the 
following equation. 

1010 log i

t

W
TL

W
          

10 1.1 1.2 . 2.1 2.2
.

1 120 log ( )
2 ( ) c c

c c

T T Z s T T
Z s

(4) 

Figure 3 Hydraulic circuit represented by pulsation 
characteristics 
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where Zc.c is the characteristic impedance of the 
connecting pipe (main line) of the side branch resonator. 
Moreover, the transmission loss of the side branch 
resonator can be expressed in Eq. (5) by substituting Eq. 
(1) for Eq. (4). 

.
10

( )1 (20 log 2 tanh
2 ( )

c c

c

Z s s sTL L
Z s c

) (5) 

Figure 2 shows the example transmission loss 
characteristics of the side branch resonator. It can be 
seen from this figure that the attenuation peaks are 
appeared at frequency f1 that correspond to a quarter 
wave length resonance mode and its odd multiple 
frequencies. This indicates that the side branch 
resonator is only able to attenuate the harmonic 
components of pressure pulsation around these 
frequencies. 

INSERTION LOSS CHARACTERISTICS 

The insertion loss is the difference in amplitude of 
pressure pulsations in the downstream line with and 
without a silencer and it is the final criteria that shows 
how effective a silencer is. 

1020log PIL
P

          (6) 

where P and  are the pressure pulsation without and 
with the silencer. 

P

However the insertion loss involves the complex 
interaction of the wave propagation characteristics in 
both the upstream line including the pump pulsation 
source and the downstream line including the load as 
well as the silencer itself. Consequently, all these 
pulsation characteristics of hydraulic circuit have to be 

taken into account of the insertion loss calculation. 
Figure 3 shows the test hydraulic circuit which is 
parameterized by the pulsation characteristics. Firstly 
the pulsation source of pump is characterized by the 
source flow Qs and source impedance Zs. In this pump 
model, the flow pulsation Qs is generated at an exit of 
discharge port in parallel with the source impedance Zs.
the pulsation wave propagation characteristics for the 
upstream line, downstream line and side branch 
resonator are expressed by the transfer matrix [T], [a],
[b]. The load impedance ZL characterizes the 
termination of hydraulic circuit such as a control valve. 
Pressure pulsation at any point of the circuit can be 
expressed by these pulsation characteristics. For 
example, P3, where is the possible highest pulsation 
point because it is just in front of the load, is obtained 
by the following equation [4]. 

SSL ZaaZaabZb 2.22.12.11.12.11.1
(7) 

SSL QZZP3

where a1.1 ~ a2.2 and b1.1 ~ b2.2 are the elements of 
transfer matrix [a] and [b]. The pressure pulsation at the 
same point with the side branch resonator 3P  is also 
expressed by Eq. (8). 

221.22.22.12.121.1 TZTZaaTZT S 2.

1.21.12.11.123 / ZaabZbQZZZP SLSSL

(8) 

where T1.1 ~ T2.2 are the transfer matrix element of [T]
and Z2 is the entry impedance of the downstream line of 
side branch resonator, which is shown as follows 

2.21.2

2.11.1

2

2
2 bZb

bZb
Q
PZ

L

L (9) 

It must be borne in mind that these equations for 
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insertion loss refer to only one frequency because they 
are all dependent on frequency. 
As is already shown in Fig.2, the side branch resonator 
is a relatively narrow banded hydraulic silencer which 
has the attenuation ability around the fundamental 
frequency and its odd harmonic frequencies. Therefore, 
the insertion loss for these interested harmonic 
frequencies (the fundamental and odd harmonics only ) 
have been focused to evaluate the performance of the 
side branch resonator. In this report, all harmonic 
components of pressure pulsation including even 
number harmonics are taken into consideration of the 
side branch resonator performance so that a real 
attenuation performance (i.e. amplitude of a peak to 
peak pulsation) can be assessed. In order to achieve this, 
an overall value of pressure pulsation is used in the 
insertion loss instead of each harmonic component in Eq. 
(6). The overall pressure pulsation is defined as the 
square root of the sum of the squares of all the harmonic 
components and the insertion loss using the overall 
pressure pulsation can be described in Eq. (10). 

(a) Time history waveforms 

(b) Amplitude spectra 

Figure 4 Source flow pulsation of pump 
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SIMULATION AND CONSIDERATIONS 

Simulation condition 

For the hydraulic circuit such as a construction machine, 
the side branch resonator is typically installed close to a 
pump discharge port. Then the flexible hoses or steel 
pipes are the elements that connect the pump to the 
termination element such as a control valve of actuators. 
In this report, the insertion loss characteristics of side 
branch resonator for this hydraulic circuit are examined 
by the simulation work. The basic configuration of the 
hydraulic circuit is already shown in Fig.3. In this 
simulation, an axial piston pump (displacement: 23 
cc/rev., number of piston: 9) is selected as the pulsation 
source and the steel pipe is used for the pipe element to 
connect a loading valve to the pump. The side branch 
resonator is also considered to be the same steel pipe 
made.  
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The pulsation source characteristics of the pump used in 
this simulation are shown in Fig.4 and Fig.5. These 
results are obtained experimentally from the ‘2 pressure 
/ 2 systems’ method [5]. The running condition of the 
simulation is set to as follows. The rotational speed of 
the pump is 1833 min-1 (the fundamental frequency of 
the pump induced pressure pulsation becomes 275 Hz) 
and the discharge mean pressure Pd is 10MPa. Figure 4 
(a) and (b) show the time history waveforms of the 
source flow pulsation Qs and its amplitude spectra. It 
should be noted that this source flow pulsation Qs is 

generated at the exit of the pump discharge port. Figure 
5 shows the source impedance of the pump. This value 
characterizes the internal (from the discharge port exit) 
impedance of the pump. It can be seen that an 
anti-resonance corresponding to the quarter-wavelength 
mode of the discharge port, at which the amplitude of 
the source impedance reaches a minimum and the phase 

Figure 5 Source impedance of pump  
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angle switches from -90 to +90, is apparent at around 
2.0 kHz. 
In this report, the insertion loss characteristics of the 
side branch resonator is investigated by changing the 
insertion location of side branch resonator and the 
length of the connecting element between the side 
branch resonator and the termination of circuit. For this 
reason, the steel pipe are chosen to the connecting 
elements since the wave propagation characteristics of 
the pipe is well known theoretically [6]. Provided that 
the flow in the steel pipe is the two-dimensional, 
laminar, viscous and compressible, the transfer matrix 
of the upstream line [a] can be described by the 
following equation. 

2 . 2
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2
.

( ) ( )cosh ( )sinh
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Figure 6 Insertion loss characteristics 
(11) 

0
2
4

The transfer matrix of the downstream line [b] can be 
also expressed in the same equation by substituting L3
for L2. The insertion location of the side branch 
resonator is determined by the length of the upstream 
line L2. Generally the side branch resonator is installed 
near the pump exit or sometimes in the pump casing. In 
this work, the pipe length L2 is varied from 0 to 0.5m. 
The length of the pipe, which connects the termination 
load element to the pump and is obtained as the sum of 
L2 and L3, is varied from 0.5 to 2.0m so as to examine 
how this line affects the attenuation performance of side 
branch resonator as well as the influence of insertion 
position. The radius of the pipe including the side 
branch resonator is r=10.5 mm. 

Figure 7 Insertion loss versus insertion location 
(L2+L3=0.6m) 

Figure 8 Insertion loss versus length of circuit (L2=0.1m)
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Then the termination load of the circuit is assumed to be 
a load valve, which can be modeled as a resistive 
impedance load. The load impedance becomes  

2 d
L

m

PZ
Q

           (12) 

where Qm is the mean flow rate (Qm=7.03 10-4m3/s).
The working fluid in this simulation is the ISO VG32 
hydraulic oil ( =875kg/m3, =3.2 10-6Pas, c=1400m/s). 

Simulation results 

Since the fundamental frequency of the pump induced 
pressure pulsation is 275Hz, the length of the side 
branch resonator is designed to L=1.27m in order to 
match the quarter wavelength resonance mode to the 
fundamental frequency. For this condition, the insertion 
loss using the overall pressure pulsation in Eq. (9) was 
calculated with varying two circuit parameters. Figure 6 

shows the insertion loss characteristics of the side 
branch resonator. The axis of L2 is the insertion location 
of the side branch resonator from the pump exit and the 
axis of L2+L3 is correspond to the total circuit length 
where is from the pump to the termination loading valve. 
The typical characteristics of these insertion loss are 
extracted for each parameter and shown in Fig.7 and 
Fig.8. From these results, it is obvious that the insertion 
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loss characteristics using the overall pressure pulsation 
is significantly dependent on the length of the main 
circuit line, while it is little affected by the insertion 
location. It can be seen from Fig.8 that the difference in 
the insertion loss at the length of the circuit L2+ L3=1m
and L2+L3=1.5m becomes 6dB. This insertion loss 
characteristics is mainly due to the standing wave of 
pressure pulsation generated inside the circuit line.  

Figure 9 Standing wave of pressure pulsation for 
fundamental and 2nd order harmonic component 

(L2=0.0 m, f1=275 Hz) 
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Figure 9 explains how the standing wave contributes. 
This figure shows the amplitude of pressure pulsation 
for the fundamental and the second order harmonic 
frequency with the side branch resonator. This is so 
called the standing wave of pressure pulsation. The side 
branch resonator is installed at the pump exit (L2=0m) 
and two circuit length conditions, L3=1m and L3=2m, 
are shown in this figure. It is clear that pressure 
pulsation of the fundamental frequency component is 
well attenuated by the side branch resonator for both 
circuit length conditions. On the contrary, the second 
order harmonic component remains the same as it is 
without the side branch resonator. The important thing is 
that the amplitude of this harmonic frequency is much 
bigger than the attenuated fundamental harmonic 
component as well as other harmonic components and 
this contributes dominantly to the insertion loss using 
the overall pressure pulsation. This is a reason why the 
insertion loss characteristics is not affected by the 
insertion location of the side branch resonator in this 
report. The harmonic component attenuated by the side 
branch resonator is rather negligible although the 
insertion location has a effect on the attenuation 
performance of the fundamental and the odd harmonic 
components. It should be mentioned that the insertion 
location should be close to the pump exit, because these 
is no attenuation effect on the upstream line of the side 
branch resonator.  
If the second order harmonic frequency is close to the 
resonance mode of the circuit including the side branch 
resonator, this harmonic component become large as 
shown in Fig.9 at L3=1m. Therefore the insertion loss 
performance become worse. It can be said that design of  
the circuit length is very important for the use of the 
side branch resonator, which is the narrow banded 
hydraulic silencer. 

CONCLUSION 

In this report, the attenuation performance of side 
branch resonator in the hydraulic line is investigated 
numerically by the insertion loss using the overall 
pressure pulsation. The following knowledge can be 
drawn from this work.  
The insertion loss defined as the overall pressure 
pulsation with and without the hydraulic silencer is 
suitable to access the narrow banded hydraulic silencer 
such as a side branch resonator because it can express 

all the harmonic components at once. 
The even order harmonic components of pressure 
pulsation can be dominant since the odd order harmonic 
components are attenuated by the side branch resonator. 
Therefore the length of the connecting pipe between the 
pump and the load should be carefully designed in order 
to avoid the system resonance mode at the even number 
harmonic frequencies. 
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ABSTRACT 

Autonomous functions are a common research topic in robotics. However, the robots typically have limited operating 
conditions and they can only handle relatively small loads. Many autonomous control concepts are applicable to actual 
construction machinery. The benefits would be considerable regarding efficiency, safety, and operator comfort. The 
research projects of this field have often led to systems with cost and complexity too high for most applications. This 
paper presents an implementation of a cost-effective distributed control system that is retrofitted to a small hydraulic 
excavator. The system can be used to perform simple operator assisting functions but also to develop autonomous 
excavation.
The hardware of the system consists of cost-effective joint angle sensors and a flexible microcontroller unit. Control 
schemes that produce autonomous functions are discussed and tested with the excavator. These include position 
controllers for conventional mobile proportional hydraulics. The aim is to find computationally simple but flexible 
algorithms for autonomous excavation. The results of the preliminary tests are presented. Future improvements are 
discussed. 
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NOMENCLATURE 

CAN : Controller Area Network 
MEMS : Micro Electrical Mechanical System 
PWM : Pulse Width Modulation 

1  : Angle measured by boom inclinometer 
2  : Angle measured by stick inclinometer 
3  : Angle measured by bucket inclinometer 
bucket : Bucket joint angle 
stick : Stick boom joint angle 

etot  : Total position error 

eslew : Relative error in slew position 
eboom : Relative error in base boom position 
estick : Relative error in stick boom position 
ebucket : Relative error in bucket position 

INTRODUCTION 

Hydraulic excavators are widely used in earth-moving 
tasks, for example digging and grading. The working 
conditions of the machine operator are often 
uncomfortable because of noise, vibration, and 
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repetitive nature of the tasks. Because demand for 
excavator operators is sensitive to economic fluctuations 
and training takes a lot of time, it is sometimes difficult 
to find skilled excavator operators for every 
construction project.  
Intelligent control systems could ease all these problems 
by performing some tasks for the operator or even 
enabling autonomous excavation. Moreover, as 
hydraulic excavators are typically very heavy-duty 
machines, the extra cost of an intelligent sensor and 
control system is very little in contrast to the total cost 
of the machine. The recent price development of raw 
materials and, on the other hand, electronic components 
makes the ratio even smaller. 
A small wheel loader with an excavator attachment is 
presented as an example in this paper. A cost-effective 
control system with operator assisting functions is 
installed and tested. The developed control system 
enables automatic bucket emptying and return. 
Preliminary results are presented and future work is 
discussed.  
The basic control concept appears in several patents 
[5,6]. However, the patented systems are rather 
expensive and complicated. There has also been 
significant development in sensor technology since the 
patents have been published. Therefore, this research 
presents a more practical approach with modern 
components. 

TEST EQUIPMENT 

The test equipment consists of a small commercial 
wheel loader and an excavator attachment. The machine 
suits research use well: It is compact and it has 
mechanical and hydraulic structures similar to larger 
machines. A photograph of the machine is shown in 
Figure 1. 
Small Wheel Loader 

The wheel loader is modified from Avant Tecno 300 
series [1]. The machine is skid steered and has a 
hydrostatic power transmission. The engine is a Kubota 
diesel with a power output of 15 kW. There is a variety 
of attachments available for the machine. 
The original machine has mechanically operated valves 
which have been replaced by an electronically 
controlled stackable mobile proportional valve with six 
spools. In previous research a CANopen-based 
distributed control system has been developed. [7] 
Connecting the attachments is easy: There are quick 
couplings for hydraulic power and a multipole 
connector for electric supply and CAN. 
Excavator Attachment 

The excavator attachment is modified from Avant 
Backhoe 205. It has four hydraulic cylinders for slew, 
boom, stick, and bucket movements. The original 
mechanically operated valves have been replaced like 
the ones of the wheel loader. An electronic control unit 

for the excavator has been designed. The control unit 
can be configured to compensate typical nonlinear 
characteristics of proportional valves. [4] 

Figure 1 Wheel loader with excavator attachment 

In previous research the control unit was programmed to 
perform simple closed-loop control of the slew cylinder 
with a linear cylinder position sensor [3]. Because the 
results were encouraging, more sensors have been added. 
In addition to the slew cylinder sensor, there are now 
three inclinometers measuring the absolute positions of 
the main boom, the stick boom, and the bucket. The 
arrangement is shown in Figure 2 where the boom, stick, 
and bucket inclinometers are marked with numbers 1, 2, 
and 3, respectively. The inclinometer module has been 
developed at the Department of Intelligent Hydraulics 
and Automation [2]. 

3
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Figure 2 Inclinometer installations on excavator 
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The inclinometers have MEMS accelerometers which 
have a limited bandwidth. This should not, however, be 
a problem with this application. The inclinometers also 
have MEMS gyroscopes that can be enabled in case the 
bandwidth has to be extended. The inclinometers have a 
CAN interface so they are simply connected using 
4-pole cables that supply power and communications. 
Because there is no inclinometer installed on either the 
wheel loader or the excavator frame, the actual joint 
angle of the base boom can not be calculated. This is, 
however, not a problem in this study as long as the 
excavator is not pressed against the ground so that the 
entire machine is lifted. 

CONTROLLER DESIGN 

As the first step in developing an autonomous control 
system a simple closed loop controller for slew 
movement was used. The operator was able to store 
desired trajectory points and command the slew cylinder 
to follow them. Now the concept is extended to all four 
cylinders, which enables automatic emptying and return 
of the bucket, for example. 
A block diagram of the excavator controller is shown in 
Figure 3. The valve control signals are produced with 
PWM outputs of the excavator control unit. The valves 
can be controlled directly with open loop signals. The 
signals are processed according to parameters that can 
be set using the CANopen interface. 
The controller also approximates the total volume flow 
that is required from the wheel loader based on the sum 
of spool control signals of the excavator. 
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Figure 3 Excavator controller block diagram 

Because the inclinometers measure the angle relative to 
gravity vector, the controller calculates the difference 
between two inclinometers over a joint to obtain the 
joint angle according to Eq. (1) and Eq. (2). 

23bucket      (1) 

12stick       (2) 

Since there are only three inclinometers, the angle of the 
base boom is obtained directly from the signal of the 
inclinometer 1. This causes some offset if the wheel 
loader is not carefully levelled. However, if the wheel 
loader keeps steady, the offset is not a problem at this 
stage of the research because the trajectory points have 
the same offset when they are stored. 
Because the inclinometers are based on accelerometers, 
there is some disturbance in the angle signals as the 
machine vibrates or the bucket is hit against the ground. 
Therefore, the maximum angular velocity of the signals 
is limited to 200 °/s. The effect of the rate limiter on the 
bucket angle is shown in Figure 4. 
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Figure 4 Effect of rate limiter on bucket angle signal 

Up to 15 trajectory points can be stored during open 
loop control. When commanded, the controller will 
drive the excavator into a desired preset position. The 
position controller has an individual proportional 
controller for each cylinder. This typically results in a 
slightly curved bucket trajectory. There is, however, no 
path following controller. Therefore, the trajectory 
points have to be selected so that the order of the joint 
movements if insignificant. A total error signal is 
calculated according to Eq. 3.  

2222
bucketstickboomslewtot eeeee  (3) 

If the total error stays below a set limit a set settling 
time, the controller will switch back to open loop 
control. The parameters were set to 3 % total relative 
positioning error and 500 ms settling time. These limits 
were experimentally found suitable for the excavation 
application. 

TEST SETUP 

The control system of the wheel loader was configured 
to send a ‘store position’ command when a button on the 
user interface is pressed. Another button was configured 
to send a ‘move to preset’ command. The number of the 
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preset was set to cycle from 1 to 3 for both commands, 
which enabled bucket emptying and return 
functionality: 

1. over digging point, ready to fill bucket 
2. soil in bucket, boom over emptying position 
3. stick boom and bucket at emptying position 

A fourth trajectory point could be introduced if the soil 
is dug so deep that the base boom has to be lifted before 
sending the ‘move to preset 2’ command. Anyway, the 
three trajectory points are enough to prove that the 
concept works. 
Because the hydraulic system of the wheel loader has a 
fixed pump, the control system of the wheel loader was 
also programmed to control the diesel engine according 
to the volume flow request from the excavator. 
The gain parameters of the proportional controllers were 
tuned experimentally. The main problem is that the 
excavator frame is not very steadily supported. 
Therefore, the controller gains have to be quite small to 
prevent the wheel loader from moving on the ground.  

RESULTS 

The system was tested by first doing one excavation 
cycle manually and storing the required trajectory points. 
Figure 5 shows the joint angle signals during the manual 
excavation cycle. The vertical dash lines show the three 
trajectory points that are stored. Note that returning the 
excavator over the digging point is not shown. 
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Figure 5 Manual excavation cycle 

Between the stored points 1 and 2 the bucket is first 
filled using the bucket and stick cylinders and then 
moved over the emptying position using the boom and 
slew cylinders. Between the stored points 2 and 3 the 
bucket is emptied using the stick and bucket cylinders. 
Figure 6 shows an excavation cycle that includes the 
automatic emptying and return of the bucket. Grey 
background indicates manual control. The vertical dash 
lines indicate the instant when a ‘move to preset’ 
command is sent and the fixed lines indicate when the 
preset is reached. The preset number 3 is actually not 

reached at all because the operator sends ‘move to 
preset 1’ as soon as the bucket has emptied at 80.5 s.  
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Figure 6 Excavation cycle with automatic emptying 

CONCLUSIONS 

Conventional mobile proportional valves and low-cost 
inclinometers can perform closed loop position control. 
The control software can be quite simple but there are 
several parameters to configure. The position controller 
can make excavation work easier and improve the 
efficiency of novice operators. The preliminary results 
of this paper could probably be further improved by 
choosing the controller gains, total error limit, and 
angular signal rate limits more carefully after thorough 
testing. 
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ABSTRACT 

Variable valve lift (VVL) system for automotive engines is one of the key technologies to attain improvement of fuel 
economy and power output and reduction of emission. This paper presents a highly reliable VVL mechanism controlled 
by a hydraulic 3-step rotary actuator. 3-step VVL with high-, middle- and low-valve lift, is realized by the pivot shifting 
of an intermediate cam placed between a camshaft and valve tappet. The hydraulic actuator with no electric device is 
installed in a cylinder head and its rotary positioning generates 3-step rotation of a specially-designed sprag cam. The 
actuator can work in low supply pressure of 0.1MPa and control 3-step angles within the interval in which the valve is 
at rest during camshaft rotation. This paper describes the analytical simulation model of the VVL system, and the 
experimental evaluation for the developed VVL mechanism and hydraulic 3-step rotary actuator. 

KEY WORDS 

Hydraulic Rotary Actuator, Variable Valve Lift, Engine Valve Actuation, Cam Mechanism 

INTRODUCTION 

Variable valve actuation (VVA) is one of the remarkable 
technologies to attain improvement of fuel economy and 
power output and reduction of emission, all over the 
engine rotational speed range.(1)-(5) VVA systems of 
various mechanisms have been thrown into the market 
from the second half of the 1980s and have been 
adopted with many automobile manufacturers' engine. 
VVA allows some or all of the timing, lift and duration 
of the intake or exhaust valves, or both, to be changed 
while the engine is in operation. According to the 
controlled object, VVA is roughly divided into three 
types; variable valve timing (VVT) varying the phase of 
valve actuation, variable valve lift (VVL) varying the 
stroke of the valve, and variable valve event (VVE) 

varying the duration in which the valve is opening. 
Although a completely step-less VVA in all the 
controlled objects is an ideal, even if technically 
possible, the development of a practical system is 
worthwhile, which employs one or some features of 
VVA system efficiently from viewpoints of cost 
restriction, durability and maintainability. 
In this paper, the authors aimed at the development of 
the simple VVA system, and paid their attention to the 
VVL mechanism with 3-step lift patterns. 
Practical implementation conditions of the VVL 
mechanism into an engine are settled as follows; 
1) Since its fluid power source is an engine oil pump 

already equipped on an engine, it can operate with 
the engine oil of the minimum operating pressure of 
about 0.1-0.2MPa. 

2) It has high rigidity for holding valve lift. 
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3) It can control 3-step lift without any electric sensor. 
4) It has satisfying response within 0.3s in the valve lift 

change as the VVL system for an engine of 
passenger car. 

The VVL mechanism driven by a hydraulic rotary 
actuator is developed for above purposes. This paper 
presents the evaluation of its performance by both the 
simulation and experimental approach. 

VVL MECHANISM CONTROLLED BY A 

HYDRAULIC 3-STEP ROTARY ACTUATOR 

Concept of VVL Mechanism with a Shifting Pivot of 

Intermediate Cam 

In the developed VVL mechanism, the valve lift is 
varied by pivot shift of an intermediate cam placed 
between a camshaft and valve tappet. Fig.1 shows the 
principle of the VVL. As the pivot of the intermediate 
cam moves away from the camshaft, the valve lift 
becomes shortened. Although Fig.1 shows 6-step VVL 
characteristics as one example, the developed VVL 
system was designed to generate 3-step of high-, 
middle- and low- valve lift which were frequently used 
in the actual VVL control. Therefore, 3-step positioning 
of the pivot of the intermediate cam is the key of the 
developed VVL system. 
Combination of a Sprag Cam and Hydraulic Rotary 

Actuator 

In the duration in which the valve is opening due to the 
camshaft in action, large force is generated at the pivot 
of the intermediate cam as the reaction force of the 
camshaft pushing the valve tappet. A component of the 
reaction force perpendicular to the direction of the pivot 
shift is borne by the slide guide of the intermediate cam 
retainer, and a component to the direction of the pivot 
shift works as a load to the VVL mechanism. From the 
viewpoint of installing the VVL mechanism into the 
small and restricted place around the cylinder head, it is 
unpractical to adopt an actuator which always generates 
force overcoming this load, because such an actuator is 
generally large in its body size and needs large power 
input. 
The developed VVL mechanism is characterized by 
combining the sprag cam with specially designed cam 
profile, and a hydraulic rotary actuator. For the duration 
of the valve opening, large reaction force at the pivot of 
intermediate cam is borne by the sprag cam. Then, the 
position of the pivot is held with high stiffness. For the 
duration in which the valve is closing due to the 
camshaft at rest, the pivot position is controllable by the 
drive force generated at the hydraulic rotary actuator, 
because only small initial load acts on the pivot. 
Thus, the developed VVL system can keep the pivot 
position by the sprag cam for the duration of the valve 
opening, and can operate it by a small hydraulic actuator 
and low pressure source such an engine oil pump except 
for that duration. 

VVL Mechanism and Hydraulic Rotary Actuator

The schematic view of the VVL mechanism is shown in 
Fig.2. The hydraulic rotary actuator generates 3-step 
swing rotation by control of the oil pressure in the 
chambers inside. The pivot position of the intermediate 
cam shifts by the rotation of the sprag cam driven by the 
rotary actuator. The body of the rotary actuator is 
designed small so that the VVL mechanism could be 
added on the cylinder head of a conventional engine 
without complicated arrangement, and be placed 
between the intake or exhaust valves on each cylinder. 
Fig.3 shows the relation between the swing angle of the 
rotary actuator, the pivot position of the intermediate 
cam and the valve lift. 
The cam profile of the sprag is designed to stabilize its 
rotation angle by the load force. Therefore the sprag 
cam has the self-lock function at a certain rotation angle 
in which no torque from the rotary actuator is required 
to maintain its angle. As shown in Fig.4, the self-lock 
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Figure 2 VVL mechanism controlled by the 
hydraulic 3-step rotary actuator 
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condition is satisfied when the leg of the perpendicular 
line drawn from the center axis of the rotary actuator to 
the surface of the intermediate cam retainer exists 
within the contact surface between the retainer and the 
sprag cam. 
Hydraulic Circuit for Rotary Actuator 

The schematic view of the internal structure of the 
hydraulic rotary actuator is depicted in Fig.5. The 
chambers a1 and a2, b1 and b2 are connected each 
other by the conduit passing through the center of the 
rotor shaft. It has a port A, B and C. The port A and B 
are connected with the chamber a1, b1, respectively. 
The port C opens on the lid of the vane housing and the 
thickness of the vane covers the port C around the swing 
angle, middle, corresponding to a middle valve lift. 
Since engine oil is used as working fluid in the 
hydraulic system of the VVL, the rotary actuator has to 
work with the minimum operating pressure of about 
0.1-0.2MPa. 
Sensor-less 3-step swing angle positioning is possible 
by the operation of the flow direction control valve as 
follows; 
1) Minimum swing angle positioning for high valve lift

The oil is supplied to the port B, and is discharged 
from the port A. The port C is closed. The swing 
angle is held with the self-lock of the sprag cam 
after rotating to the minimum swing angle, min , by 
the driving torque generated by the pressure 
difference between the chambers. 

2) Middle swing angle positioning for middle valve lift
The oil is supplied to both the port A and B, and is 
discharged from the port C. The rotor finishes 
swinging when the vane covers the port C 
completely. Since the thickness of the vane is wider 
than the width of port C, it has a dead band for vane 
positioning at the angle around the port C. The final 
swing angle depends on the initial swing angle 
from which the rotor started swinging. Since no 
torque is generated in the region where the vane 
and the port C fully overlap each other, however, 
the rotor is positioned at the designed swing angle, 

middle, in that region by the self-lock torque of the 
sprag cam. 

3) Maximum swing angle positioning for low valve lift
The oil is supplied to the port A, and is discharged 
from the port B. The port C is closed. Positioning to 
the maximum swing angle, max, is the reverse 
process of the minimum swing angle positioning 
above-mentioned. 

Transition in Pivot Shifting 

Since the large reaction force occurs at the pivot of the 
intermediate cam in the duration of the valve opening, 
the pivot maintains its position by the self-lock of the 
sprag cam. However, if that duration starts while the 
pivot is shifting, the transient behavior appears in the 
rotary actuator. 

In case that the duration of the valve opening starts 
while the pivot of the intermediate cam is shifting to the 
position corresponding to lower valve lift, the rotor 
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Figure 3 Relation between the swing angle of the 
rotary actuator, the pivot position of the 

intermediate cam and the valve lift. 
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rotates to the angle corresponding to lower valve lift by 
assistance of the load torque. Consequently, the rotor 
reaches to the target swing angle, within some cycles of 
the camshaft rotation. 
However, in case that the duration of the valve opening 
starts while the pivot is shifting to the position 
corresponding to higher valve lift, the loaded sprag cam 
generates the load torque to force the rotor to rotate 
reverse direction. Due to the load torque, the pressure in 
the chamber b1 and b2 easily exceeds the supply 
pressure of the oil pump. For prevention of the rotor 
from reverse rotation, as shown in Fig.6, a 
pilot-operated check valve is installed into the line for 
the port B. This check valve works as a safety lock and 
keeps the swing angle in the duration of the valve 
opening. Then, the rotary actuator restarts and advances 
its rotation to the target angle corresponding to higher 
valve lift until next duration of the valve opening starts. 

SIMULATION FOR 3-STEP VVL SYSTEM 

Purpose of Simulation 

In order to grasp the behavior of the VVL system, 
modeling for the VVL system and evaluation of its 
performance are carried out. In the simulation, the 
following points are investigated; 
1) Influence of the leakage through the clearance 

between the vane and housing, on the performance 
of the rotary actuator, 

2) Transient pressure change in the chambers, 
3) The behavior of the VVL system in case that the 

duration of the valve opening starts while the pivot 
of the intermediate cam is shifting. 

The model of the VVL system is described in block 
diagram form to apply MATLAB/SIMULINK to the 
simulation. The schematic view of the simulated model 
and symbols of the parameters used in the simulation 
have been already mentioned in Fig.5. 
Fundamental Equations for VVL System Model 

1) Dynamics of the hydraulic rotary actuator

LoadDrivemmm +T=T+KBI (1) 

where, Im, Bm, Km, , TDrive and TLoad are the inertia of 
rotating parts of the rotary actuator, viscous friction 
coefficient, stiffness of rotational limit, drive torque and 
load torque, respectively. Km expresses the stiffness 
equivalent to the contact between the vane and wall of 
both rotational ends with the nonlinear torsion spring 
characteristics.
The drive torque TDrive is given by; 

-p p+K-p p=KT baTbaTDrive 2211       (2) 

where, KT is a coefficient which transforms the pressure 
difference between the chambers to the rotor drive 

torque, and is derived from the dimensions of vane. 
Referring to Fig.7, the load torque TLoad is given by; 

                  =FxTLoad               (3). 

In the simulation, the arm length of the load torque, 

Figure 6 Prevention of the rotor from reverse rotation 
due to the load torque 

(Duration of the valve opening starts while the pivot 
is sifting to the high valve lift position.) 
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namely the offset x on the sprag cam in Fig.7, is 
assumed to be given as a function of the rotor swing 
angle  using SIMULINK LOOKUP TABLE, x=P( ),
shown in Fig.7. 
The load force F acting on the sprag cam is 
approximated using the form of a periodic function as 
shown in Fig.8. In Fig.8, Fmax is the maximum load 
force acting on the sprag cam. Tc is the period 
corresponding to a cycle of the crank shaft rotation as 
angle of 720 deg. 
2) Continuity at the chamber a1

-K-Q-Q-Q Q
V
K=

dt
dp

Vm_ba_ba_aaa
a

a
2111211

1   (4) 

where, K and Va are the bulk modulus of the oil, the 
volume of the chamber a1, respectively. KVm is the 
change of the chamber volume against a unit swing 
angle, which is determined by the dimensions of vane. 
Continuity at the chamber a2, b1 and b2 are formulated 
in similar form to eq.(4), as well. 
3) Flow characteristics at orifice and pipe
The flow characteristics of each flow resistive element, 
such as a throttle in a valve and lapped area between the 
port C and vane width, are approximated using the 
formula for orifice. The flow characteristics of each 
piping are approximated using the formula for steady 
flow through circular pipe. 
4) Leakage flow characteristics between chambers
Leakage flow between the chamber a1 and b1 is 
estimated by the steady flow between stationary and 
moving flat, parallel walls as shown in Fig.9 (b). The 
leakage is given by the following formula using the 
axial clearance hagap;

111_1

11

3

11

,
12

2

bavaneba
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w

 h -rr
Q
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where,  is the viscosity of the oil. The first term 
represents the leakage flow through the stationary flat, 
parallel walls, the second represent the flow induced by 
drag of the vane rotation with the circumferential tip 
speed of the vane, Uvane. No leakage is assumed at the 
tip of vane due to its seal device. Leakage between the 
chamber a2 and b2 is expressed by the same formula as 
eq. (5), as well. 
Leakage between the chamber a1 and b2 is also 
expressed by the steady flow between stationary and 
moving flat, parallel walls as shown in Fig.9 (c). Using 
the axial clearance hagap and clearance between rotor 
and shoe hrgap, the leakage is given by; 
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The second term also represents the flow induced by 
drag of the vane rotation. Leakage between the chamber 
a2 and b1 is expressed by the same formula as eq. (6), 
as well. 
5) Flow characteristics between port C and chambers
The flow characteristics at the throttle formed by the 
port C and vane width are approximated using the 
formula for orifice. The relation between the rotor swing 
angle and the opening area of the port C is expressed by 
LOOKUP TABLE in SIMULINK. 
6) Response of control valves
The response of control valve is approximated using the 

Table 1 Design specifications of prototype rotary actuator
Displacement volume per a chamber 2.5 cm3

Rotor diameter (outer) ro_vane/(inner) ri_vane 28 / 14 mm 
Rotor length Lvane 19mm 
Swing angle 105 deg 
Driving torque at supply pressure of 0.1MPa 0.25 Nm 
Response for single step rotation 0.3 s 
Pump Supply pressure (typical)/(minimum) 0.27 / 0.1 MPa 

ri_vane 

ro_vane 

rshaft 

 dc

Connecting
conduit

Lvane 

wvane wvane rshaft 

ro_vane 

hagap 

Qa1_b1

Chamber a1

b1

(a) 
Dimensions of vane and rotor 

(b) 
Leakage from chamber a1 to b1

(c) 
Leakage from chamber a1 to b2

wshoe 

rshaft ri_vane 

hagap 

Qa1_b2

Chamber a1

b2

Lvane 

hrgap 

Figure 9 Model of leakage through the clearances at vane and casing wall 
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first order delay element as a general solenoid valve. 
Result of Simulation for 3-Step VVL System 

The design specifications of a prototype VVL is listed in 
Table 1. One of the examples of the simulated result for 
the prototype VVL is shown in Fig.10. It indicates that 
the VVL can change the valve lift within 0.3ms at the 
supply pressure of 0.2MPa even if it changes the lift 
higher. In case of the supply pressure of 0.1MPa, it 
takes 0.5s for a single step valve lift change. In case that 
the axial and radial clearances are 50% larger than the 
designed value, the VVL cannot work for the lift change 
from lower to higher, at the supply pressure of 0.1MPa. 
Since the leakage reduces the pressure difference 
between the chambers, it is important to design the 
clearance for securing the sufficient pressure difference 
for driving the actuator. 

EXPERIMENTAL EVALUATION FOR 3-STEP 

VVL SYSTEM 

Figure 11 and 12 show the measured performance of the 
prototype VVL. It is observed that the actuator keeps its 
swing angle in the duration of valve opening, 
withstanding the reverse rotation torque in the transition 
of valve lift change to higher. 
The response time is slight longer than the design target, 
due to the friction of moving parts and the drop of the 
drive torque by the leakage. 

CONCLUSIONS 

This paper has presented the VVL mechanism 
controlled by the hydraulic 3-step rotary actuator. 
Simple and reliable VVL system is constituted by a 
combination of sensor-less drive of the rotary actuator 
and the specially designed sprag cam. The designed, 
simulated and measured performances of the developed 
VVL are listed in Table 2. Optimization of the prototype 
VVL and development of multi-step mechanism, more 
than three, with simple structure are starting as a future 
work. 
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Table 2 Performance of developed VVL  
 Design Simulation Prototype
Actuator torque at 
0.1MPa 0.25 Nm 0.25 Nm 0.25 Nm 

Minimum operating 
pressure 0.1 MPa 0.2 MPa 0.2 MPa 

Lift holding (Self-lock)  Good Good 
Response of a single step 
lift change 0.3 s 0.3 s 0.4 -0.5 s
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ABSTRACT 

This paper describes the design and prototype of a new highly reliable rotary vane steering gear of ships which 
combines the benefits of conventional hydraulic systems and direct drive electrical actuators, namely high torque ratio 
and modularity. It is referred to as the Direct Drive Electro-Hydraulic (DDEH) servo rotary vane steering gear which 
results from the fusion of the above mentioned technologies. The DDEH rotary vane steering Gear, including its 
configuration, controlling principle and specialty, is theoretically analyzed. The mathematical models are built and the 
simulations of the system are made. The analysis of DDEH rotary vane steering gear is supported by simulation data 
which explains the extremely high level of performance attained by a prototype of DDEH rotary vane steering gear. 
Simulation results and its unique advantages show that DDEH rotary vane steering Gear is a prospective equipment for 
shipping steering which can meet performance requirements. 

KEY WORDS  

DDEH, Rotary Vane Steering Gear, Economizing, Simulation 

INTRODUCTION 

A rotary vane steering gear consists of a vane actuator 
connected directly to the rudder stock. It can control 
simply the direction of the ship through changing the 
angle of the moving vane. Rotary vane steering gear 
operates at lower pressures and has fewer moving parts 
than a ram steering gear. The rotary vane steering gear 
has many benefits, such as compact structure, space 
saving units, easy installation, and low life cycle costs. 
Furthermore, rotary vane steering gear does make safer 
navigation through narrow straits, because the vessels 
increased maneuverability and improved control when 
docking. Now, the rotary vane steering gear has a 
proven service record on all types of vessels, especially 
suit for medium-sized to large ships, including large 
container vessels and VLCCs [1-3].  
The traditional controlling way of steering gear includes 

using proportional valve or using variable displacement 
pump. Both kinds of methods require very higher 
cleanliness of hydraulic system because of adopting 
precise hydraulic parts. Furthermore, traditional steering 
gear has complex control system and lots of control 
components, acting as hidden troubles for failure free 
operation of steering gear [4-5].To solve these problems, 
the direct drive electro-hydraulic(DDEH) servo rotary 
steering gear is designed and constructed by HIT. In this 
new prototype of steering gear, variable displacement 
pump and proportional valve are replaced by converter 
motor and fixed pump, so system needs lower 
cleanliness. The DDEH servo steering gear is discarded 
pumping station and pipelines. It has fewer control 
components and higher reliability and controllability 
than traditional rotary vane steering gear. Moreover, this 
steering gear can economize energy efficiently. 
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CONFIGURATION AND PRINCIPLE OF THE 

DDEH SERVO ROTARY VANE STEERING GEAR 

Figure 1 shows Principle sketch of DDEH servo rotary 
steering gear. There are four main parts in this DDEH 
servo system: computer control system, variable 
frequency speed regulation system, hydraulic power 
actuator and displacement feedback union. Computer 
control system incepts input signal and signal by 
displacement feedback union. The main controller 
compares two signals and operates, and then translates 

result to D/A converter. Finally, inverter incepts DC 
volts and drives asynchronous motor thus control 
hydraulic power actuator. Motor drives the bidirectional 
fixed displacement pump and then the pump drives the 
rotary vane motor directly. Changing the rotating 
direction, rotating speed and runtime of the motor can 
control the moving direction, velocity and position of 
the rudderpost which is fixed with rotary vane motor’s 
stator. 
Figure 2 presents the structure of hydraulic power 
actuator. 

Figure 1 Principle sketch of DDEH servo rotary steering gear 

1. housing  2. rotor  3. rudder stock  4. moving vane  5. stator  6. AC motor  7. bidirectional fixed pump       

8. filling valve  9. hydraulic operated check valve(hydraulic lock)  10. stop valve  11. oil tank  12. safety valve    
Figure 2 Construction drawing of DDEH servo rotary steering gear 

In Figure 2, the closed circuit is composed of a fixed 
displacement pump 7 and rotary vane motor. AC motor 
6 drives the bidirectional fixed displacement pump to 
provide hydraulic power (pressure and flow) to the 
rotary vane motor. Then through rudderpost, the 
hydraulic power is transformed into mechanical power 
(torque and rotating speed). The moving of the 

rudderpost is carried out through controlling the AC 
motor according to the input signal. The filling valve 8 
composed of two check valves is connected in parallel 
with the closed circuit to compensate the leak oil. The 
lock valve 9 is composed of two pilot operated check 
valves installed in series in the closed circuit. When the 
ship rudder reaches the right position and the pump 
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stops working, the lock valve functions as a lock to 
prevent the oil in the cylinders from moving back 
because of the action of wave on the ship rudders. Two 
relief valves are installed in the closed circuit to relieve 
overload when the ship rudder stops working and the 
overload is produced by wave acting on the ship rudder. 
The two relief valves can also be used to relieve 
overload in the main circuit. If the overloading occurs 
in the whole system, then the overload relieving is 
mainly achieved through the inverter’s self-restricting 
torque.  

MATHEMATICAL MODEL OF THE DDEH 

ROTARY VANE STEERING GEAR 

The overall mathematical model of the DDEH rotary 
vane steering gear consists of several subsystems 
including the inverter-motor system, pump control 
motor system and actuator load system, et al. 

INVERTER AND ASYNCHRONOUS MOTOR 

INVERTER 

Input of inverter is control voltage while output of 
inverter are frequency of output and phase voltage of 
electric machine stator [6]. We have  

1 v cf K u                 (1) 
where  Kv = conversion coefficient for translate voltage 

to frequency 
uc = control voltage V.
f1 = frequency of inverter output, Hz.

1 1

(380 )
100

b
U f b          (2) 

where  U1 = phase voltage of electric machine stator, V. 

b = low frequency torque upgrade coefficient, 

When b is settled as zero, we obtain  

1 1fU K f                     (3) 

where  fK  = conversion coefficient for translate 
voltage to frequency, fK =3.8.

ASYNCHRONOUS MOTOR 

Asynchronous motor’s equilibrium of moments 
equations is given by 

2 2
60 60

p
T n LT df T p

dn
J T T T B n

dt
    (4) 

where  nT  = electromagnetic torque of asynchronous 
motor, Nm. 

LTT  = load torque of asynchronous motor, Nm. 

dfT  = nonlinear friction torque of asynchronous 
motor, Nm. 

TJ  = moment of inertia referred to motor shaft, 
kgm2.

TB  = damping factor of asynchronous motor 
shaft, Nms/rad. 

Electromagnetic torque equilibrium of asynchronous 
motor 

1 1 2n T T pT K U K n           (5) 
where  pn  = real rotary speed of asynchronous motor , 

rpm. 
Load torque of asynchronous motor is input torque of 
fixed pump. when take loss of mechanical drive,  

LTT can be given by  

p p
LT

D p
T                   (6) 

where  pD  = volumetric displacement of pump m3/rad

       pp  = output pressure Pa
 = efficiency of mechanical drive , this 

=0.95 

PUMP CONTROLLED MOTOR 

The continuity equation and torque balance equation can 
be written as  

0 1
1

2
60

m
p p m t

e

d V dPn D D C P
dt dt

       (7) 

2

1 2 ( )m m
m m m L

d d
PD Js B G T

dtdt
   (8) 

where  Dm = volumetric displacement of motor, m3/rad. 
       V0 = Average volume of forward chamber, m3

.

m  = angular position of motor shaft, rad. 

t it etC C C = total leakage coefficient, 
m3/sec/pa.

it ip imC C C = total internal leakage coefficient, 
m3/sec/pa.

et ep emC C C = total leakage coefficient, 
m3/sec/pa

,ip epC C = internal and external leakage coefficient of 
pump, m3/sec/pa.

,im emC C = internal and external leakage coefficient 
of motor, m3/sec/pa 

1p  = forward chamber pressure, pa 

e  = effective bulk modulus of system, pa 
         J  = total inertia of motor and load, kg·m2

mB  = total viscous damping coefficient, 
N·m/(rad/s) 

G = spring stiffness of load, N·m/rad 
( )LT = hydrodynamic moment on rudder blade, 

= 21/ 2( cos sin )L m D mC C Av X , N·m 
where  CL,CD is lift coefficient and resistance 
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coefficient, v is water velocity and v= 1.15-1.2 
ship speed, A is unilateral area of wetted surface, 
 is seawater density and X  is distance between 

center of rudder pressure and tiller axes. 

MATHEMATICAL MODEL IN TIME DOMAIN 

Combines equations being given at last section, 
mathematical model of DDEH rotary vane steering gear 
in time domain are described by  

1 v cf K u                  (9-1) 

1 1fU K f                 (9-2) 

2 2
60 60

p
T n LT df T p

dn
J T T T B n

dt
   (9-3)

1 1 2n T T pT K U K n          (9-4) 

p p
LT

D p
T                (9-5) 
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      (9-6) 

2

1 2
m m

m m m L
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PD Js B G T
dtdt

 (9-7) 

( )LT = 21/ 2( cos sin )T m D mC C Av X  (9-8) 

SIMULATION OF THE DDEH ROTARY VANE 

STEERING GEAR 

SIMULATION MODEL AND PARAMETERS 

System of equations 3.9 can be Laplace transforming 
and be combined to form the block diagram in Figure 3. 

0 is steering orders and  is rudder angle. Based on 
figure 3, DDEH rotary steering gear simulation model, is 
implemented in SIMULINK. Bump union is a main 
subsystem of this model, which is composed of AC 
converter motor , fixed pump, hydraulic lock and filling 
valve.
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Figure 3 Block diagram of DDEH servo rotary steering gear 
Part parameters of the DDEH rotary steering gear selected in this paper are shown in Table 1. 

Table 1 parameters for simulation 

parameters value parameters value 
Kv 10         Hz/V Dm 0.04       m3/rad 

fK 3.8        V/Hz Jm 3          kgm2

KT1 26.27 Bm 0.01       Nms/rad 
KT2 1.927 Ci 10-12       m5/Ns
JT 0.1        kgm2

e 9×10 8     N/m2

BT 0.01       Nms/rad V0 0.03       m3

Dp 3.98×10-6    m3/rad
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SIMULATION RESULTS 

Steering gear should meet the requirements for enough 
torque moment and intensity. SOLAS Regulation 
I/29.3.2 requires that the main steering gear and rudder 
stock of vessels shall be capable of putting the rudder 
over from 35° on one side to 35° on the other side when 
the ship is at its deepest seagoing draught and running 
ahead at maximum ahead service speed and, under the 
same conditions, from 35° on either side to 30° on the 
other side in no more than 28s[7]. 
In this paper, a 12,000 DWT crude oil tanker which is 
running ahead at 13 knot is selected as simulation 
background. Simulation time is selected as 50 second 
and original steering angle of vessel is -35°. The 
steering order changes to 30° since 20 second later. 
Simulation results are shown in Figure 4 and figure 5. It 
can be seen in figure 4 that the time of rudder 
movement is less then 28s. Figure 5 shows that steering 
gear can output 120KNm torque moment when it turns 
to 35 degree. Simulation results indicate that DDEH 
servo rotary vane steering gear meets the requirements 
of  SOLAS. 
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CONCLUSIONS 

A new type steering gear - DDEH servo rotary vane 
steering gear is designed which is capable both 
advantages of AC servo system’s flexibility and of 
hydraulic great force. Research results show that DDEH 
servo rotary vane steering gear measures up SOLAS. 
Because it has higher efficiency and more compact 
structure, DDEH servo rotary vane steering gear will 
have a great prospect in this field.  
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ABSTRACT 

Hydraulic excavators are the representative of field robot and have been used in various fields of construction. Since the 
excavator operates in the hazardous working circumstance, operators of excavator exposed in harmful environment. 
Therefore, hydraulic excavator automation and remote control system has been investigated to protect from the 
hazardous working environment. Remote control system of hydraulic excavator needs various equipments. In this paper, 
the method to construct the remote control system is proposed. The remote control system is consisted of a manual and 
auto mode. Manual mode controls a hydraulic cylinder as open loop control. and auto mode controls the end effecter of 
excavator using tracking control system. The efficiency of remote control system was evaluated through the field test. 

KEY WORDS  

Field Robot, Remote control, Excavator, Teleoperated Excavator, End Effecter Control 

INTRODUCTION 

The hydraulic excavator of field robot has been used in 
various fields of construction. However, a number of the 
skilled operator is gradually reduced by the hazardous 
working environment. Thus, automation and remote 
control system of excavator have been investigated to 
protect the operation special situations that present 
safety or health risk to operators and to operate easily 
the skilled operator working [1].  
We constructed the remote control system with various 
equipments. Which are remote operator station 
components and excavator side components, the models 
of these two parts will be presented to analyze. The 
simple diagram for the remote control system of 

excavator is shown in Figure 1  
We applied to two control type of Remote control 
hydraulic excavator system, manual mode and auto 
mode. Manual mode is control method in the generality 
of case and auto mode is control of end effecter using 
inverse kinematics. [3, 4] Also, controller for tracking 
control system was applied the model reference 
adaptive controller. [5] The designed controller was 
implemented by using LabVIEW software.  
the structure of the remote control excavator system is 
described. In the following section, the remote operating 
system procedure is presented and the efficiency of 
remote control system was evaluated through the 
experiments. Finally, concluding remarks are 
represented in last section. 
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Figure 1 Remote control system

FIELD ROBOT SYSTEM 

Since a remote control hydraulic excavator system 
consists of remote operator station components and 
excavator side components, the models of these two 
parts will be presented to analyze.  

Excavator side components 

Figure 2 Excavator side components  

Figure 2 show the excavator side components. As 
shown in figure, the angle of boom, arm and bucket are 
measured through the resolver attached in each joint. 
Pressures of hydraulic cylinder are measured through 
the pressure sensor attached in each cylinder. Detections 
of obstacle are measured through the ultra sonic sensor. 
The environment around excavator displays in CCD 
camera. The angle of CCD camera is controlled Pan/Tilt 
motor. Each links of excavator are operated by EPPR 

V/V which controls pressure & flow valves of MCV. 
Using RF (Radio Frequency) communication, receive a 
joystick signal. The wireless LAN used in 
communication between remote operation and 
excavator. The inverter (dc to ac) is used for a source of 
electric power service. Computer interfacing for control 
the hydraulic excavator signal is set up using 6704 DAQ 
equipment manufactured by National Instrument Corp.  
In the hydraulic excavator, which was purely 
mechanically actuated, had to be modified to enable 
electronic, drive-by-wire control of the various 
hydraulic circuits. The excavator is conventionally 
controlled using pressure-controlled joystick. These 
joystick, operate in the pilot system. These spool valves 
supply directional control of the main cylinder. For 
remote control electronic valves were placed in the pilot 
system. This system should change servo-valve or 
electro-proportional pressure valve (EPPR V/V) system. 
In this paper, used by electro-proportional pressure 
valve system which worked by electronic signal.  

Remote operator station components 

Figure 3 show the remote operator station components 
of remote control hydraulic excavator system. As shown 
in figure, an operator of excavator works using a 
monitor which displays from a video camera and two 
electronic joysticks which controls real activity. Using 
RF communication, send a joystick signal. Using 
wireless LAN of notebook, receive a sensor signal of 
excavator and a vision signal. For Computer interfacing 
for control the remote operator signal is set up using 
6036E DAQ equipment manufactured by National 
Instrument Corp.

Figure 3 Remote operator station components 

TRACKING CONTROL SYSTEM DESIGN 
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The Remote controlled hydraulic excavator system is 
consisted of the manual and auto mode. Manual mode 
control the cylinder displacement through open loop 
control and auto mode control the end effect using feed 
back control system. Figure 4 show the manual mode 
and Figure 5 show the auto mode. The inverse 
kinematics coordinates are defined to detect the end 
effect of the developed excavator is represented in 
Figure 6 

Figure 4 Operate of joysticks in Manual mode 

Figure 5 Operate of joysticks in Auto mode 

Figure 6 Coordinate of excavator system 

The input signal of auto mode is position value of end 
effect of arm. The derivative of angle of each links 
using inverse kinematics is induced as 

           (1) 

            (2) 

222 cos,sin2tana          (3) 

              (4) 

          (5) 

             (6) 

321              (7) 

213              (8) 

EXPERIEMENT 

In order to evaluate the tracking performance of the 
proposed end effect control system using inverse 
kinematics. The system is corded Using LabVIEW 
software of National Instrument Corporation. Figure 7 is 
response of end effecter of arm for the horizontal signal. 
Figure 8 is response of boom angel. Figure 9 is response 
of arm angle. Figure 10 is error response of boom and 
arm. 
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CONCLUTION 

Hydraulic excavator system, i.e. one of famous field 
robots, can perform various works in the construction 
fields. We developed the remote control hydraulic 
exactor system. The developed system is possible to use 
in harmful working environment without getting on an 
operator. Therefore, operator of remote control 
excavator can work safety. Operator of auto mode of 
joysticks control can work easy. The remote control 
hydraulic excavator system was manufactured. The 
efficiency of system has been evaluated through the 
field test. 
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ABSTRACT 

The frequency bandwidth of the electrohydraulic vibrator conventionally constructed by a servo valve and a hydraulic 
cylinder or a motor is to a large extent limited to fairly narrow range by the dynamic response capability of the servo 
valve. A 2D electrohydraulic valve is thus developed to enhance the working frequency range to a new high level. In 
this 2D valve, the continuous rotary motion of the spool is used to create alternated variation of the valve port areas, 
while the linear motion of the spool is to control the peak value of the valve port areas. The frequency excited by 2D 
valve is proportional to the rotary speed of the spool and thus the high-frequency can easily be achieved by increasing 
the rotary speed of the spool well lubricated in hydraulic oil. Experiments have been carried out to the vibrator loaded 
by an elastic force coming from the deformation of a frame work and the wave forms of the cylinder piston was 
measured. It is demonstrated that the ascent and descent slopes of the wave form show some inconsistency which 
alleviates with the reduction of valve linear opening. The phenomenon is explained to be caused by the changing 
direction of the elastic force.  Nevertheless, the wave from is close to a sinusoidal one.  It is concluded the 
development of the 2D valve does point out an access to the high-frequency excitation of the hydraulic vibration. 

KEY WORDS 

Two-dimensional control valve; Electrohydraulic servo system,Hydraulic vibrator 

INTRODUCTION

Vibration is a phenomenon commonly met in mechanical 
engineering practice. When the frequency of the external 
excited vibration comes close to the natural frequency of 
a mechanical structure, resonance occurs, which can be 
very destructive to the whole mechanical system. 

Vibrating test therefore remains an important and 
objective means to determine the performance of a 
mechanical system, or part of it, working under vibrating 
condition[1]. In the vibration tests, the vibrating 
environment is usually created artificially with a vibrator, 
which is driven by either mechanical power or electrical 
power or hydraulic power[2]. In the case of heavy-power 
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demanded, hydraulic vibrator is commonly used. The 
conventional hydraulic vibrator is actually a hydraulic 
actuator, either a cylinder or a motor, controlled by a 
servo valve.  By feeding to the coil of servo valve with 
a wave form of current in respect to the desired vibrating 
wave form, the cylinder piston or motor rotor will makes 
reciprocating motion driven by alternative flow rate into 
or out of its working chambers created by the servo valve. 
The reciprocating piston further results in a vibration of 
loads connected on cylinder rod or motor axis.  The 
bandwidth of the hydraulic vibrator so constructed is 
greatly restrained by the dynamic performance of the 
servo valve[3], which is difficult to be enhance to a very 
high level.  
Therefore, searching for a new excitation method for 
hydraulic vibrator always remains particularly significant 
in the design of the hydraulic vibrator with wide 
bandwidth.  A promising solution is to apply a new 
control valve called a two-dimensional or “2D” valve[4].
In the 2D valve, both rotary and linear motions of a 
single spool are exploited to control the frequency and 
the amplitude independently. Since the frequency of the 
vibrator is proportional to the continuous rotary speed of 
the spool, it can be enhanced to a large extent by 
increasing the rotary speed of the spool, which is well 
lubricated in hydraulic oil.  

HYDRAULIC VIBRATOR EXCITED BY 2D 

VALVE 

The operating principle of the proposed hydraulic 
vibrator excited 2D valve is illustrated by Figure 1.  It is 
consists of a symmetrical cylinder and a 2D valve.  The 
spool of the 2D valve is continuously driven by an 
electric motor. The pressurised oil into and out of the 
cylinder chambers is achieved using a series of grooves 
asymmetrically distributed on the spool lands, which 
create an alternatively varied valve port area between the 
grooves on the spool lands and the rectangular windows 
on the sleeve as the spool rotates. This can be clearly 
seen through the cross-sections of spool lands shown in 
Figure 1b.  
If the central angle between two adjoining grooves is ,
then geometrically, the groove of meter-in valve port has 
an /2  angle difference with respect to the meter-out 
valve port. Such an arrangement will cause a 180° phase 
angle difference between the wave forms of the meter-in 
valve port and the meter-out valve port.  As a result 
each of the bi-directional cylinders is a hydraulic bridge 
with a 180° phase angle difference between the chambers.  
As the spool of the 2D valve makes a rotary motion the 
pressure inside the two chambers of the cylinder will 
change alternatively and the piston is subsequently 
driven in a reciprocating motion (see Figures 1(a) and 
(b)). The amplitude of the reciprocating motion or the 
amplification is controlled by the linear motion of the 

spool, through which the area of the valve ports between 
the grooves on the spool land and the windows on the 
sleeve can be adjusted. Obviously, the frequency of the 
reciprocating motion of the cylinder controlled by the 2D 
valve is proportional to the rotary speed of the 
spool and the number of the grooves on a single spool 
land Z

)2/(Zf                  (1) 

y
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B T

T
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xxv
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II
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Figure 1 Hydraulic vibrator controlled by a 2D valve 

The 2D valve used in the electrohydraulic vibration 
exciter has a spool with four lands labelled in I, II, III 
and IV in sequence from left to right in the Figure 1a. 
These four spool lands are divided into two groups.  
The spool lands I and II form one group and the spool 
lands III and IV form the other. On each spool land a 
number of grooves were asymmetrically distributed in 
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peripheral direction to coordinate with the windows on 
the sleeve such that valve ports could be created. The 
valve ports formed on the spool lands I and II, served as 
meter-out and meter-in orifices respectively and as a 
result act as a hydraulic resistance bridge to vary the 
pressure inside one of the chamber of the double acting 
cylinder.  The valve ports formed on the spool lands III 
and land IV form another hydraulic resistance bridge to 
control the pressure inside the other chamber of the 
cylinder. The numbers of the grooves on these four spool 
land are the same and the central angle of the adjacent 
grooves  is equal to four times that of the grooves 

0 , i.e., 04 .  The phase angle of the grooves on 
each spool land is specially arranged. The phase angle of 
the grooves on the spool lands I and III are the same and 
the phase angle of the grooves on the spool lands II and 
IV are the same; however, the phase angle of the grooves 
on spool land I (or land III) has a value of 2  (or /2 )
with respect to the grooves on spool land II (or land IV).  
The area of the valve port vIIvI AA  vs. rotary angle 
is given in Figure 2.  It approximates a triangular wave 
form and its peak value varies with linear valve port 
opening vx .

EXPERIMENTAL SYSTEM AND RESULTS 

The hydraulic vibrator controlled with 2D valve designed 
for experiment is shown in Figure 3.  
The rotary motion of the spool is driven with a variable 
AC servo motor while the linear motion of the spool is 
actuated and positioned the same way of the direct 
actuated digital valve[6]. In this way, the frequency and 

the amplitude of the vibration wave output from the 
cylinder are varied independently via the two 
independent input signals to the 2D valve controller.  
The frequency range of the vibrator is to a large degree 
constrained by the rotary speed of the spool of the 2D 
valve.  The rotation of the AC servo motion is 
transmitted to the axis of the spool through a gear chain 
with an effective speed amplification of four. The actual 
frequency range for the experimental system was 
0~800Hz. 
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Figure 2 Area of the valve port vIIvI AA
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Figure 3 Schematic of the experimental system 

Two pressure transducers were used to measure the 
pressure in each chamber of the cylinder. A force cell 
was placed between the end of cylinder rod and the 

rigidly connected frame. The system was therefore a 
rigid system with a very high spring constant. A 
displacement transducer was mounted inside of the 
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cylinder rod to measure the displacement of the piston 
with respect to the frame in an axial direction of the 
cylinder. A calibration of the deformation vs. hydrostatic 
force output by cylinder was carried out using a laser 
displacement meter (manufactured by Keyance, Japan) 
with an error less than 0.6 micrometer; the calibration 
curve is given in Figure 4.  It can be observed from the 
Figure 4 that the relationship between the deformation 
and the exerted hydrostatic force is fairly linear, which 
establishes that the deformation of the frame was in 
elastic range. This ensured that the deformation wave 
forms of the frame vs. the hydraulic force and piston 
displacement of the piston were identical.  Therefore, 
the output vibration is presented hereafter as the output 
force from the force cell.  
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Figure 4 Calibration of deformation of frame work 
vs. hydrostatic force. 

The measured wave forms in the low frequency domain 
range (10 to 200Hz) are given in Figure 5. It is observed 
that the measured waves demonstrate the different slopes 
during ascent and descent which was consistent with the 
simulation results. The difference was associated with 
the changing direction of the elastic force of the frame 
work deformation with respect to the hydrostatic force.  
As the spool is rotated, the area of the valve port opening 
increases and decreases alternatively at the same rate. 
The process can be approximated as a triangular wave 
form with the ascent slope being the same as the descent, 
as shown in Figure 2. This triangular shape is not 
reflected in the output displacement or force wave form 
because of the changed direction of the elastic force.  
With reference to Figures 5 (a), (b), a discussion to the 
motion of the cylinder piston with the variation of the 
valve port opening will take an insight into the 
phenomenon. When the piston is at negative maximum 
and the speed is zero, the rotary valve ports are all closed 
at the point, see Figure 2 and the flow rate is at zero).  
As the spool rotates, the valve port opening area 

increases to maximum, pressurized oil is directed to the 
left cylinder chamber and drained from the right cylinder 
chamber to tank.  This produces a hydrostatic force 
driving the piston to move in the right hand direction. At 
this point, the spring force acts as a restoring force, in the 
same direction as the hydrostatic force. The spring load 
essentially becomes an “overrunning load. Thus, the 
curve has a steeper slope. When the valve opening and 
flow rate reach their maximum and the speed of the 
piston is at its peak value. As the rotation of the spool 
continues, the valve port opening area varies from the 
maximum value to zero, the direction of the hydrostatic 
remains the same as the proceeding process, but the 
elastic load turns into a compressed spring, which 
consumes part of the hydrostatic force. Thus, the curve 
becomes a smaller slope. When the valve opening and 
flow rate both drop to zero, the displacement of piston 
reaches its peak value. A similar reasoning can also be 
applied to the following process. It should be noted that 
at the same valve port opening the value of the slope of 
the positive curve equals to the absolute value of the 
slope of the negative curve.   
The ascent process and descent processes in the wave 
form of the output displacement py  or force pKy
display some inconsistency because of the changing of 
the elastic load force, which becomes more significant at 
the critical valve linear opening vcx . As the valve linear 
opening vx  decreases, the amplitude of the wave form 
of the output displacement or force will decrease.  
Concurrently, the load pressure also decreases, but the 
pressure drop across the valve port will increase since the 
system pressure sp  is fixed. As a result, the flow rate is 
less affected by the pressure fluctuation, but is more 
dependent on the cyclic opening area variation of the 
rotary valve port. In this case, the change of the flow rate 
tends to be in the form of a triangular wave and the 
ascent and descent rates in the wave form of the output 
displacement or force tend to be identical to each other 
or to the flow form.  

CONCLUSION 

A new approach for the excitation of the hydraulic 
vibration is presented using a 2D valve which extends 
the frequency range substantially.  In 2D valve, the 
rotary motion of the spool coordinates the grooves of the 
spool land with the windows on the sleeve and alternates 
flow into and out of the chambers of the hydraulic 
cylinder, thus exciting the piston (rotor) to output a 
vibration.  The spool’s linear motion is used to adjust 
the peak flow rate and thus the amplitude of the output 
vibration.  The frequency of the vibration is excited by 
the 2D valve and is related to the rotary speed of the 
spool.  Thus the potential to extend the frequency of the 
hydraulic vibrator to even higher levels exists by 

382Copyright © 2008 by JFPS, ISBN 4-931070-07-X



increasing the rotary speed of the spool. The 
experimental results show that in the low frequency 
domain ascending and descending slopes of the output 
force waveforms show some differences which become 
more pronounced at spool displacements above the 
critical valve linear opening area. As the working 
frequency passes beyond the low frequency domain, the 

vibration excited by the 2D valve is mainly influenced by 
the hydraulic resonance.   
It was concluded that the proposed 2D valve and actuator 
have successfully extended the frequency range of the 
electrohydraulic vibration exciter.  
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Figure 5 Wave forms in the lower frequency domain 
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ABSTRACT 

In this paper ,base on the operating principle of water press pull-up inlet valve,we model the mathematical model of 
inlet-valve and made a simulation on computer.By the method of simulation,get the curve of control pressure(up cavity 
pressure) and opening force in process of pull-up inlet valve opening.Changing the structural parameter of inlet valve 
and working pressure of water press, gain the relationship between pull-up inlet valve opening force changing tendency 
and the structural parameter of inlet valve and working pressure. 

KEY WORDS  

Water press, Inlet-valve, Opening force, Simulation 

NOMENCLATURE 

B :The damp coefficient of main valve spool

bf :Cross-sectional area of main valve spool

cf  :End face area of main valve spool in the down 
cavity

sf :Area of main valve spool circular bead

tF  :Opening force of main valve
m  :Mass of main valve spool

aP :Pressure at main valve inlet

bP  :Pressure in up cavity

cP :Pressure at main valve outlet

3Q  :Flow of main valve port 

3v  :Flow rate at main valve port 
y :Offset of main valve spool 

 :Cone angle of main valve spool 
 :Density of oil water emulsion 

INTRODUCTION 

The traditional structure of wate press’ inlet and outlet 
valve is pull-up valve,this type valve is opened by using 
external control organ to pull up the valve plug’s middle 
pole.Without external opening force, the valve plug’s 
middle pole will go back by the force of a spring in the 
valve’s up cavity,then the valve plug closed following 
the middle pole. 
The structure of pull-up inlet valve is shown in 
Figure1.Its main valve is a cone valve. The pressure 
relief valve of up cavity pressure is a little cone valve,it 
is coaxial with main valve and its valve bed is main 
valve’s spool.There are water entrance holes on valve 
barrel,they can made high pressure water to flow into 
main valve’s up cavity from valve inlet. 
The operating principle of water press pull-up inlet 
valve is so.When pressure relief valve keep shutting, up 
cavity pressure push main valve spool down on the 
valve bed.The up cavity pressure begin to drop when 
pressure relief valve is opened,and when pressure relief 
valve get its stroke end the main valve spool is pulled 
up,the inlet valve is opened[1]. 
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1. Spacing screw  2. Water entrance hole 
3. Pressure relief valve  4. Main valve 

5. valve barrel  6. valve bed  7. Pull-up pole 
Figure 1 The structure of pull-up inlet valve 

Opening pressure relief valve is by the way of pulling 
up the pull-up pole which under the pressure relief 
valve,and the valve is shut by the force of a string in the 
valve’s up cavity.While the pressure relief valve is 
shuting,the valve port area is reduced and the up cavity 
pressure is rised.The pressure push main valve spool 
down on the valve bed solidly. 

Mechanical Analysis of the Valve’s Opening Process 

The opening force of pull-up inlet valve is mainly 
decided by the resultant force acting on the main valve 
spool.The force acting on the spool when it is opening 
include up cavity pressure force, down cavity pressure 
force,rising force of spool circular bead,hydraulic power 
at valve port and damping force. 
The balanced equation of the main valve spool force: 

dt
dxB

td
dxmFddPvQPfPffP taasccbb 2

2
2

2
2

133 4
45.0cos (1)

The item of 2 2
1 20.45

4aP d d  means the pressure 

force at cone sealing face of main valve 
spool.Parameters  and  are outer diameter and 
inner diameter of the cone sealing face. means 
average pressure at cone sealing face of main valve 

spool[2]. 

1d 2d
0.45 aP

Simulation of the Valve Opening Process 

The MATLAB/Simulink model of the pull-up inlet 
valve is shown in figure 2. 
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Figure 2 Simulink model of pull-up inlet valve 

Changing diameter of water entrance hole and opening 
stroke of pressure relief valve,we gain the curves of up 
cavity pressure and main valve spool opening force in 

the process of inlet valve opening.These curves are 
shown in figur 3 and figure 4. 
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Figure 4 The curves of main valve spool 
opening force 

Structural parameters of curves1,2,3 in figure 3 is 
below. 
Curve1: diameter of water entrance hole is 
5mm,opening stroke of pressure relief valve is 2mm. 
Curve2: diameter of water entrance hole is 
4.5mm,opening stroke of pressure relief valve is 2mm. 
Curve1: diameter of water entrance hole is 
6.5mm,opening stroke of pressure relief valve is 1.8mm. 
Static acting forces on the inlet valve mainly contain up 
cavity pressure force(

b bf P ), down cavity pressure 
force(

c cf P ),rising force of spool circular 
bead(

s af P ),.and the permeating pressure force at cone 
sealing face of main valve spool.To make the inlet valve 
work reliably, need that when pressure relief valve was 
little opened the main valve spool could be push down 
on the valve bed solidly,in case of the main valve spool 
floating with pressure relief valve little opened.The up 
cavity pressure force is mostly force to keep the main 
valve spool be push down .Through changing Structural 
parameters of diameter of water entrance hole and 
opening stroke of pressure relief valve,we can control 
the up cavity pressure.The curves in figure 3 and figure 
4 show up cavity pressure and opening force of main 
valve at different structural parameters.The curve 2 in 
two figures above show the best proper opening force 
ang pressure . 
Working pressure of press have an important influence 

on the down cavity pressure of inlet valve. So, 
following,emulate the opening process of inlet valve 
under different working pressures. 
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Figure 6 Main valve spool opening force  
under different working pressure 

Curve1,2,3,4 in figure5 and figure 6 ,their working 
pressure respectively is 1 106Mpa,5 106 Mpa,10
106 Mpa and 15 106 Mpa.From figure5 and 
figure6,we can know that rising with working pressure 
going up,but the opening force is little influenced by the 
working pressure.The reason is that up cavity pressure 
is stoodoff by down cavity pressure,and the permeating 
pressure force at cone sealing face have a linear 
relationship with working pressure,it could farther 
standoff the influence acted by working 
pressure.Therefore we have the conclusion that the 
pull-up inlet valve opening force be influenced by 
working pressure little,and when supply pressure is 
given the stabilization of the valve opening force is 
good. 

CONCLUSION 

1.The structural parameters of pull-up inlet valve have 
an important influence on the character of the valve’s 
opening force. 
2. When supply pressure is given,the valve opening 
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force is little influenced by working pressure. 
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ABSTRACT 

This study concerns a new rotary type water hydraulic pressure intensifier. The object of this paper is to introduce the 
structure and the working principle of the pressure intensifier, and to present the fundamental characteristics by 
experimental results. The basic structure is similar to that of a water hydraulic planetary gear motor. Its main part 
consists of a stator, a rotor, nine planetary gears and two side plates. The inside of the stator is formed by a curve with 5 
lobes and the outside of the rotor is formed by a curve with 4 lobes. Their curved surfaces have teeth like a gear. Nine 
displacement chambers are formed by the stator, rotor, planetary gears and side plates, and the each chamber's volume 
varies periodically when the rotor rotates. A side plate has 5 inlet distribute holes and 5 outlet distribute holes alternately
located on its surface. Each displacement chamber connects to an inlet distribute hole during the volume is increasing, 
and it connects to an outlet distribute hole during the volume is decreasing. Now, one of the outlet distribute holes is 
separated from the other 4, the intensified higher pressure water is discharged from the separated distribute hole. It is 
found that the critical intensification ratio is about 2.5 by experimental results with a prototype. 

KEY WORDS  

Water hydraulics, Pressure intensifier, Rotary type, Planetary gear motor, Experimental results 

NOMENCLATURE 

N : rotational speed of a rotor 
n : number of each the inlet distribute holes and the 

 outlet distribute holes 
Pe : exhaust pressure 
Pi : intensified pressure  
Ps : supply pressure 
Q : flow rate 
T : torque 
Vth : theoretical displacement volume 

: total efficiency 

T : torque efficiency 
V : volumetric efficiency 

Subscript 
e  : concerned with exhaust pressure 
i  : concerned with intensified pressure 
s  : concerned with supply pressure 

INTRODUCTION 

Water hydraulic system which uses tap water as 
pressure medium has been known as an environmental 
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friendly new fluid power drive system. It has many 
advantages; clean, non-toxic, non-flammable, low 
pressure loss, and so on [1]. It is also a big advantage 
that the pressure medium is easily obtained and the 
disposal of the waste is easy, too. They lead to 
decreasing of management cost. 

It is considered that the water hydraulic system has 
many possible applications in low pressure driving 
systems as well as in middle and high pressure driving 
systems. Using the low pressure leads to low cost of the 
components, and to easy operation and safety driving of 
the systems. The studies on the low pressure water 
hydraulic systems have been carried out to aim to get 
the low price compatible to pneumatic systems while 
the high power density and good controllability are 
compatible to oil hydraulic systems [2],[3]. 

Water hydraulic system has been applied in industries of 
food processing, beverage bottling and packaging, 
semiconductor and paper manufacturing, etc. It has also 
possible applications in welfare equipments, universal 
house equipments, leisure and amusements park 
equipments and others [4]. For the many of those 
applications, the low pressure water hydraulic systems 
are available. Some of them can be driven directly by 
the pressure from the civil tap water network or the 
water supply network for the industries. Otherwise, 
centrifugal pumps may be often installed as pressure 
sources. In all the cases, pressure intensifier will be 
useful when the particular actuators require the higher 
pressure than the primary pressure from the pressure 
sources in the systems. 

The pressure intensifiers, or boosters, convert high-flow 
low-pressure fluid power into low-flow high-pressure 
fluid power. There are many commercial products of oil 
hydraulic and pneumatic pressure intensifiers. Most of 
them are cylinder-type and there are a single acting type 
and a double acting type. The range of their working 
pressure is very wide; some works at below 0.1 MPa 
supply pressure and some works with a few hundred 
MPa intensified output pressure. The intensification 
ratio is also in variety; 1:2 to 1:80 [5]. Besides the 
cylinder type, there are a few kinds of rotary type 
intensifier; one is commonly known as a 
multiple-section, internal gear flow divider which is 
appropriately connected into a circuit to make 
intensification result. Another is a liquid transformer 
based on a called "radial cylinder motor" [6]. It is 
designed for oil hydraulic driving with relatively high 
pressure. It is also expected to be suitable for water 
hydraulic driving because of its structure with low 
friction and small leakage. Up to the present, however, 
the pressure intensifiers available in low pressure water 
hydraulic systems are very few in market. 

In this study, a new rotary type water hydraulic pressure 
intensifier which is available in low pressure water 
hydraulic systems is presented. It consists of a small 
number of parts and simple structure. It is formed with a 
little modification from a water hydraulic planetary gear 
motor. Its main part consists of a stator, a rotor, nine 
planetary gears and two side plates [7]. The object of 
this paper is to introduce the basic structure and the 
working principle of the new pressure intensifier, and to 
present some experimental results on fundamental 
characteristics of a prototype. 

STRUCTURE AND WORKIG PRINCEPL 

The basic structure of the pressure intensifier is the 
same as a water hydraulic planetary gear motor except 
the location of the distribute holes on the port plate A. 
The main part of the water hydraulic planetary gear 
motor consists of a stator, a rotor, nine planetary gears, 
the port plates A, B and a flange as shown in Figures 1 
and 2.  

  Figure 1 Structure of main part of water hydraulic 
planetary gear motor 

  Figure 2 Cross sectional drawing of water hydraulic 
planetary gear motor 

392Copyright © 2008 by JFPS, ISBN 4-931070-07-X



The inside of the stator is formed by a curve with 5 
lobes and the outside of the rotor is formed by a curve 
with 4 lobes. The shape and size of the pitch curves of 
the both of them and the radius of the planetary gear's 
pitch circle has a tight connection. They are all 
determined by numerical calculation of the equation 
which is derived based on the theorem of friction wheel 
model [8]. The curved surfaces of the stator and the 
rotor have teeth which mesh with the planetary gears. 
Nine displacement chambers enclosed by the stator, 
rotor, planetary gears, port plate B and flange are 
formed, and the each chamber's volume varies 
periodically during the rotor rotates.  

 Figure 3 Location of Inlet and Outlet distribute holes 
on the side plate A and B for the motor 

Port plate A has an outlet port and five outlet distribute 
holes which are all connected with a pentagon groove 
and port plate B has an inlet port and five inlet distribute 
holes which are all connected with a pentagon groove 
such as shown in Figure 3. The inlet port is also drilled 
through the port plate A to connect the inlet port on the 
port plate B, and the five outlet distribute holes are also 
drilled through the port plate B at the same place of 
each the outlet distribute hole on the port plate A. The 
inlet distribute holes and the outlet distribute holes are 
located alternately on the inside surface of the port plate 
B and open to the displacement chambers as shown in 
Figure1. Each displacement chamber connects 
alternately to an inlet distribute hole and an outlet 
distribute hole during the rotor rotates. The volume of 
each displacement chamber increases while connecting 
to the inlet distribute hole and decreases while 
connecting to the outlet distribute hole. The water from 
the chamber is exhausted through the outlet distribute 
holes to the outlet port and to the reservoir. 

In the displacement chambers which connect to the inlet 
distribute holes, the shadowed chambers in Fig.1, the 
pressure acts on the rotor surface and the planetary 
gears generates the torque in clockwise. Fig.4 shows the 
mechanism of torque generation at one of the 

displacement chambers. The drawing of (a) shows the 
generation of torque by the pressure acts on the rotor 
surface and the drawing of (b) shows that on the 
planetary gears. Note that there is a distance 'e' between 
the line of force action and the center of the rotor in (a), 
and that r1 is larger than r2 in (b). The same condition 
appears at the all displacement chambers when they are 
connecting to the inlet distribute holes.  

          (a)                     (b) 

    Figure 4 Mechanism of torque generation 

As the planetary gears revolve with the rotation of the 
rotor, the displacement chambers move and switch the 
connection to the inlet and outlet distribute holes by 
turns. The rotation of the rotor, therefore, continues 
while pressurized water is supplied to the inlet port.  

The only one modification to get the intensification 
function is to replace the port plate A by a modified one 
as shown in Figure 5. On the new port plate A, one of 
the outlet distribute holes is separated from the other 4 
as well as the outlet port. The volume of the 
displacement chamber decreases while it connects to the 
separated outlet distribute hole. The displacement 
chamber works as a pump which is driven by the water 
hydraulic planetary gear motor, and the chamber 
therefore discharges intensified higher pressure water to 
the intensified port in Fig.5, which is equivalent to the 
outlet distribute hole (#) in Figure 1.  

           Figure 5 Modified port plate A 
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BASIC THEORY 

The torque Ts generated by the supply pressure Ps,
which tends to rotate the rotor, balances with the 
counter torques Ti and Te generated by pressures Pi and 
Pe. The torque balance is presented by Eq.(1).  

eis TTT                   (1) 

Here, the torques are presented as
2

ths
Tss

VPT ,

n
VPT thi

Ti
i 2

1  and 
n

VnPT the

Te
e

1
2

1 .

Substituting them into Eq.(1), the following equation is 
derived. 

e
Te

Ti
sTiTsi PnPnP 1         (2) 

Supposing Pe=0 and putting TTiTs  in Eq.(2), 
the intensified pressure is presented by Eq.(3). 

sTi PnP                 (3) 

Concerning the flow rate, the supply flow rate Qs , the 
intensified port flow rate Qi and the exhausted flow rate  
from the outlet port Qe are presented as follows, 

Vs

th
s

VNQ ,
n

VNQ th
Vii  and ise QQQ .

Putting VViVs , the intensified port flow rate is 
presented by Eq.(4). 

n
QQ s

Vi                    (4) 

The total efficiency is defined by Eq.(5).  

ss

ii

QP
QP                    (5) 

The following relation is confirmed by substitution of 
Equations (3) and (4) to the Eq.(5). 

              VT                     (6) 

SPECIFICATION OF A PROTOTYPE 

Basically the prototype is made by a modification of a 
water hydraulic planetary gear motor, changing the port 
plate A. The external sizes are shown in Fig.1. The 
theoretical displacement volume Vth is 37.6 cm3/rev. The 
numbers of lobe are 4 with the rotor and 5 with the 

stator, and therefore the numbers of the inlet distribute 
holes and the outlet distribute holes are 5 respectively. 
The pitch curve of the rotor is formed by cosine curve 
of which the maximum radius is 27.524 mm and the 
minimum radius is 22.552 mm. The width of the rotor, 
stator and planetary gears are 15 mm. All the main parts 
are made of stainless steel and the surfaces of the port 
plate B and the flange are coated with DLC treatment. 
The tentative specification of the prototype of the water 
hydraulic planetary gear motor is presented in Table 1. 
Fig.6 shows the inside view of the motor. 

Table 1 Tentative specification of the prototype of 
the water hydraulic planetary gear motor 

Working fluid tap water
Rated supply pressure 0.25 MPa
Rated supply flow rate 0.008 m3/min
Rated rotational speed 200 rpm
Rated outpet torque 0.9 Nm
Rated output power 20 w

        Figure 6 Inside view of the prototype of the  
               water hydraulic planetary gear motor 

According to the Eq.(3), the intensification ratio is 
presented by Eq.(7) for the prototype because the 
number of the distribute holes n is 5. The intensification 
ratio will be the maximum 5 when T=1.

5T
s

i

P
P                  (7) 

EXPERIMENTAL RESULTS 

An experiment is carried out in order to confirm the 
fundamental function as a pressure intensifier and how 
large the critical intensification ratio is. Fig.7 shows the 
circuit of the experimental setup.  

Water is supplied from the axial piston pump and the 
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supply pressure Ps is set at a given value using the relief 
valve and the throttle valve (1). The intensified pressure 
Pi is set at an optional value using the throttle valve (2). 
The pressures Ps, Pi and Pe are measured with Bourdon 
pressure gauges which contain glycerin as damper oil. 
The flow rate Qs and Qi are measured with turbine flow 
meters and the rotational speed of the rotor shaft is 
measured with a digital tachometer.  

The flow from the intensified port is discharged 
periodically and intermittently. The condition is almost 
the same as in the case of the double acting cylinder 
type intensifier. There is fluctuation on the intensified 
port pressure and the fluctuation becomes especially 
large when the rotational speed is low. An accumulator 
of 30 cm3 is installed at the intensified port line to 
reduce the pressure fluctuation. 

     Figure 7 Circuit of the experimental setup 

Fig.8 shows the experimental result of the flow rate 
from the intensified port Qi versus the intensification 
ratio Pi /Ps at the five different supply pressures. The 
maximum values of Pi /Ps are between 2.5 and 2.7 at the 
each supply pressure. When the ratio Pi /Ps is larger than 
the maximum values, the rotation of the shaft becomes 
intermittently and the intensified pressure fluctuates 
violently. Therefore, there is no plot over the area. The 
maximum value of Pi /Ps is the critical intensification 
ratio. 

It is confirmed that the new structured intensifier works 
well as a water hydraulic pressure intensifier even at a 
low pressure near the pressure of the civil tap water 
network. 

It is found from Fig.8 that Qi decreases as the ratio Pi /Ps
becomes larger under a constant Ps , and Qi increases as 
Ps becomes higher under a constant Pi /Ps. This 
tendency is caused by the change in the rotational speed 
of the rotor. Fig.9 shows the rotational speed N versus Pi
/Ps. The curves are almost the same as in Fig.8. 
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Figure 8 Flow rate from the intensified port Qi
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     Figure 10 Ratio of Qi to the supply flow rate Qs
versus the intensification ratio Pi /Ps

The ratio of Qi to the supply flow rate Qs versus Pi /Ps is
shown in Fig.10. If there is no leakage, that is v=1, the 
ratio Qi /Qs becomes 0.2 as shown in Eq.(4). Since the 
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leakage increases as Ps becomes higher and the ratio Pi
/Ps becomes larger, the value of Qi /Qs becomes smaller 
than 0.2. Fig.11 shows the same result by the volumetric 
efficiency v.

Fig.12 shows the torque efficiency T versus Pi /Ps. The 
value of T  is  given by  the ratio Pi /Ps as shown in 
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Figure 11 Volumetric efficiency v versus  
the intensification ratio Pi /Ps
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Figure 13 Total efficiency versus the 
intensification ratio Pi /Ps

Eq.(7) regardless of the value of Ps. The maximum 
value of Pi /Ps is obtained when T is the maximum. In 
order to get a larger intensification ratio, to improve the 
torque efficiency is the key. 

Fig.13 shows the total efficiency versus Pi /Ps. The 
maximum total efficiency is around 45%. It is found 
that  becomes higher as Pi /Ps is larger because of 
increase in torque efficiency T. And it is also found that 

 decreases as the supply pressure Ps becomes higher 
under the condition of constant Pi /Ps. It is caused by 
decrease in volumetric efficiency v. For the further 
improvement of the total efficiency and to get a larger 
intensification ratio, the improvement in torque 
efficiency is important.  

CONCLUSION 

It is confirmed that a new rotary type pressure 
intensifier, which is constructed by a simple 
modification with a water hydraulic planetary gear 
motor, works well as a pressure intensifier. It works 
even in low pressure as same as the pressure in civil tap 
water network. The critical intensification ratio of the 
prototype is around 2.5 and the total efficiency is about 
45%. The key to increase the total efficiency and to get 
the larger intensification ration is to improve the torque 
efficiency. 
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ABSTRACT 

Natural gas is being hailed as alternative energy sources for a petroleum, because it is almost no emissions of pollutants 
in the environment. Use of equipment for liquefied natural gas, along with increased demand for natural gas is also 
growing. Cryogenic ball valve is used to control the liquified natural gas which temperature is -196 , supplied pressure 
is 168kg/cm2. To acquire the safety along with durability of cryogenic ball valve, we should consider the structural 
mechanics such as stress, deformation and dynamic vibration characteristics and identify those important aspects in the 
stage of preliminary design engineering. For the cryogenic ball valve, the assurance of structural integrity and 
operability are essential to meet not only normal, abnormal loading conditions but also functionality during a seismic 
event. In this study, analytical approach and results using finite element analysis and computational method are herein 
presented to evaluate the aspects of structural integrity along with operability of cryogenic ball valve. Moreover, we 
have done the optimal design through special processing and heat treatment and so on. Finally, we designed the high 
pressure cryogenic ball valve that accomplishes zero leakage. 

KEY WORDS  

LNG, Cryogenic, Ball valve, Analysis, Design 

NOMENCLATURE 

D  : Stiffness matrix 
 : Stress 
 : Strain vector 

 : Supposition Strain vector 
 : Boundary 

ku  : Elastomer stress vector 

gu  : Displacement stress vector 

bt  : Boundary stress vector 
MPa : Young module coefficient 
kg/cm2 : Pressure 
kg/mm3 : Density 
I/  : Thermal Expansion coefficient 

W/mm  : Heat conduction 

1. INTRODUCTION 

The process of the formation of natural gas (NG) is 
similar to that of coal. NG can be produced from oil 
wells as assistant gas; however, most of it is produced as 
non-assistant gas. 80~85% of NG is methane (CH4),
whose low concentration of hazardous substances 
makes it a valuable energy resource. However, because 
NG is difficult to store in large quantities and mass 
transportation requires a pipeline, technology for NG 
liquefaction has been developed to solve these problems, 
enabling mass storage and transportation over long 
distances. The demand for facilities for the storage, 
transportation and control of liquefied natural gas 
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(LNG) is rapidly increasing in line with the rising 
demand for LNG [1-2]. 
Most of the high-pressure, cryogenic ball valves are of 
the side-entry type, the insulation of which has to be cut 
open to carry out repairs. Therefore, top-entry type 
cryogenic valves have been adopted recently [3]. 
Top-entry type, high-pressure, cryogenic ball valves are 
subject to safety verification to prevent the types of 
accidents that can be caused by earthquake, fire, or 
explosion. Their specifications regarding leakage, being 
very strict, are satisfied by only a few products in the 
world. 
In this study, a numerical analysis is conducted for the 
structural safety and the distribution of thermal stress 
and deformation by thermal shock under high pressure 
and very low temperature conditions, in order to assess 
the safety and reliability of the ball valves for LNG to 
provide a basis for the design and manufacturing 
of  products which are safe from leakage under 
conditions of extreme temperature variance. 

Figure 1 Photo of the valves are installed on vessels

2. Finite Element Analysis (FEA) on Ball Valves 

2.1. Theoretical Equation for Analysis 
Eq. (1) is a finite element equation for 3-dimensional 
loads[4]. 

0

0

0

xyxx xz

yx yy yz

zyzx zz

x y z

x y z

x y z                  (1) 

In order to obtain a variational equation for the 

numerical analysis of the finite element method (FEM), 
eq. (1) can be transformed into eq. (2) in a weak form. 

          
0

Tu
d

                   (2) 

Using Green's Theorem, we obtain eq. (3), where is a 
virtual deformation vector and is the boundary. 

          
0

TuT
d td

                 (3) 

In order to substitute the boundary condition, the stress 
vectors can be represented by  eq. (4). 

          
( )g bt k u u t

                     (4) 

 Substituting eq. (4) into  eq. (3), we obtain eq (5). 
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T
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    (5) 

Eq. (6) is the finite element equation, and eq. (7) and (8) 
represent the stiffness matrix K and external force 
vector f, respectively. 

                Kd f                  (6) 
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2.2. Analyses of Thermal Stress and Resistance against 
Earthquake 
Figure 2 shows the result of the finite element modeling 
of a 12-inch cryogenic ball valve using HYPERMESH, 
which is an exclusive item of software for finite element 
analysis, and ANSYS, which is a commercial FEA 
software for structural analysis and evaluation. In order 
to conduct the optimal simulation of a real 12-inch 
cryogenic ball valve with the FEA model, a tetrahedron 
solid element was used and the solid45, which is an 
element for isotropic materials. The solid elements have 
an average size of 9mm and comprise 609,706 elements 
and 135,396 nodes. The x, y, and z axes were defined to 
represent the lateral, longitudinal and vertical 
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coordinates, respectively. 
The material of the valve was stainless steel A351-CF3. 
One pipe joint was fixed and the other was assumed to 
be movable in the direction of flow. The internal 
pressure and temperature were assumed to be 
1.68kgf/mm2 and -196 , respectively. The external 
temperature was assumed to be 20 . Figure 3 shows 
the result of the thermal analysis at the normal operating 
temperature, wherein the maximum stress of 
23.9kgf/mm2 appears at the center of the ball. 

   
Figure 2 Result of the finite element modeling 

   
Figure 3 Result of the thermal analysis 

2.3 . Earthquake-proof Analysis 
The finite element modeling and its boundary 
conditions were conducted under the same conditions as 
those established for the thermal stress analysis, added 
with the conditions for earthquake-proof. The load 
conditions were classified into the empty weight of the 
device, internal pressure, temperature, Operating Basis 
Earthquake (OBE), and Safety Shutdown Earthquake 
(SSE). The OBE is an earthquake that does not force the 

LNG facility to stop operation, on the assumption that it 
will occur five times during the lifespan of the facilities. 
Therefore, the maximum stress exerted under an OBE is 
less than the elastic limit. The SSE, however, is a strong 
earthquake that may occur once throughout the lifespan 
of the facility. In this study, the device was applied with 
maximum acceleration in the x, y, and z directions, as 
presented in Table 1. The cases of the OBE and SSE 
include the earthquake accelerations in the vertical and 
horizontal directions, which are 2.0g, including the 
device weight, and 1.5g, in the vertical and x-y 
directions respectively. In this study, the loading 
conditions of an SSE were applied to obtain a 
conservative result. Figure 4 shows the results of the 
earthquake-proof analysis taking an earthquake into 
consideration. A maximum stress of 25.3kgf/mm2 was 
generated at the center of the ball, similar to the figure 
obtained when the earthquake was not considered. 

   
Figure 4 Results of the earthquake-proof analysis 

Table 1 Seismic load condition for OBE and SSE 

Vertical ±0.7g (dead weight : 1.0g) 
OBE

Horizontal ±1.0g 

Vertical ±1.0g (dead weight : 1.0g) 
SSE

Horizontal ±1.5g 

2.4. Flow Analysis 
The flow analysis on the ball valve was carried out 
using FLUENT, which is a commercial CFD code with 
a model that includes 5 times the diameter to the 
upstream and 10 times the diameter to the downstream. 
Figure 5 shows the grid system for the numerical 
analysis. The grid system - a hybrid grid system - was a 
combination of arranged and non-arranged grids. The 
grids were allocated densely on the boundary wall to 
obtain a more precise prediction. The grid's density was 
made to be higher at the inlet and outlet to analyze eddy 
flow. The grid had 600,000 nodes for numerical analysis. 
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The entrance conditions of the analysis model, which 
were the pressure inlet conditions, were 168kg/cm2 and 
80kg/cm2, and the exit condition was the atmospheric 
pressure. The internal temperature was set at -196 ,
which is the temperature of LNG. The fluid was 
assumed to be methane, which accounts for 
approximately 90% of the composition of LNG 
(Alaskan). Table 2 presents the physical properties of 
methane.

Figure 5 Computational grid system of Ball valve 

Table 2 Properties of Methane 

Properties Ball Valve Properties Ball Valve 

Molecular
weight 16 Critical

pressure 45.8atm 

Specific
gravity 0.55 Explosion 

range 
5~15% 
(in Air) 

Boiling 
point -161.5 Ignition 

point 550

Critical
temperature -82.1 Melting 

point -182.4

Figure 6 shows the path lines and velocity distribution 
vector of the fluid particles. The path lines show 
relatively uniform velocity distribution, which can be 
identified by the velocity vector. It can be seen that the 
speed of the current accelerates after the valve. Figure 7 
shows the velocity distribution at a cross-section when 
in a fully open state. It can be seen that the flow profiles 
of the cross-sections are similar, and faster, at the center. 
Figure 8 shows the velocity distribution at the distances 
of 100cm, 250cm, and 500cm from the valve outlet. On 
the graph, it can be seen that the velocity is distributed 
uniformly before and after the valve, and increases as 
the LNG flows downwards. The velocity profile takes 
the form of a parabola, which is the typical 
representation of velocity distribution. 

(a) Path lines             (b) Velocity 

Figure 6 Path lines & Velocity of fully opened state 

Figure 7 Velocity distributions of cross sectional area 

(a) y-direction          (b) z-direction 

Figure 8 Velocity distribution graphs 

3. Design and Fabrication of Parts 

3.1. Body Design 
In general, the most important factor to be considered in 
designing a cryogenic valve is to obtain sufficient 
strength against internal pressure. This is the most 
important factor in the design of the pressure vessels; a 
valve body cannot be designed without careful 
consideration of the structural strength. In this study, the 
structural strength, contraction according to the valve 
configuration, and heat transfer with the extremely low 
temperature of LNG were analyzed and designed by 
simulation of the valve body. 

Figure 9 Analysis of Body 
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3.2. Design and Fabrication of the Seat 
In top-entry type cryogenic ball valves, the most 
important component is the seal, which is very difficult 
to design and manufacture. Figure 10 shows the 
structure of a U-cup seal seat, whose test results at very 
low temperature are presented in Table 3. As the 
shrinkage rates of a U=cup seal and graphite are lower 
than that of stainless steel, leakage occurs at the seal at 
temperatures lower than -196 . It can be seen that, 
although leakage under such conditions meets the BS 
6364 Standard, it does not meet the specifications of the 
Korea Gas Corporation and LNG container vessels. 
Therefore, the seal was modified into a bellows-shape, 
which is shown in Figure 11.  
Internal leakage through the seat was tested after 
assembling the seat, and there was almost no leakage 
through the bellows-type seat. 

Figure 10 Structure of U-Cup Seal Seat 

Table 3 Result of Leakage test 

Standard Valve 
Size

Test 
Result BS 6364 KOGAS LNG

vessel
2" 200 cc/min 300 cc/min 10 cc/min 20 cc/min

4" 580 cc/min 600 cc/min 20 cc/min 40 cc/min

Figure 11 Structure of Bellows Seal Type Seat 

3.3. Bonnet Design 
A bonnet positioned at the central axis of a valve 
connects the handle and ball. If icing occurs at the 
packing, which is located in the upper part, due to low 
temperature in the lower part, then the LNG may leak. 
Therefore, a method of preventing icing and a design 
which can insulate the packing from low temperature in 
the valve are required. In this study, a heat insulating 
plate was used and the bonnet length was optimized 
through analysis and testing. Figure 12 shows the 
exterior configuration and temperature distribution of 
the bonnet. Figure 13 shows the measurement of heat 
transfer to the various parts of the bonnet.  

Figure 12 Temperature distributions of Bonnet 

Figure 13 Measuring temperature distribution 

3.4. Ball Design 
Figure 14 shows the appearance and thermal 
deformation of the ball. It can be seen that the 
deformation caused by temperature variance has a 
constant distribution.  

Figure 14 Thermal deformations of Ball 
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3.5. Spring Design 
In a bellows-seal type seat, the pressure on surface of 
the bellows increases as the internal pressure of the 
valve increases, because the internal pressure is exerted 
on the effective area of the bellows. However, as the 
spring force of the bellows is weak at low pressure, a 
spring is required to press the bellows in order to 
prevent leakage from the seat during low pressure by 
maintaining the proper seating force. Table 4 presents 
the design data of the spring. 

Table. 4 Design data of Spring 

Item Dia.
(mm) 

active
coils 

(turns)

Spring
Constant 
(kgf/mm) 

Free
length
(mm) 

Length
(mm) 

Quantity
(es)

Setting
Force
(kgf)

Value 14.1 5 10.71 33 28 20 1,071

3.6. Fabrication of the Ball Valve  
A high-pressure, cryogenic ball valve capable of 
ensuring zero-leakage was designed, as shown in Figure 
15, after analysis the thermal stress, resistance against 
earthquake, and flow characteristics, and ensuring the 
optimal design of each part. 

Figure 15 Cryogenic ball valve fabricated in this study 

4. CONCLUSION 

In order to examine the performance characteristics of 
the parts of high-pressure, cryogenic ball valves, 
numerical analyses of the strength and thermal shock 
were conducted and the seat structure was investigated 
and tested. The following conclusion was obtained.  
1. According to the thermal stress analysis conducted at 
high pressure and very low temperature, a maximum 
stress of 23.9kgf/mm2 occurred at the center of the ball. 
2. The resistance against earthquake was analyzed at a 
maximum acceleration of 2.0g in the vertical direction 

(z axis), including the self-weight, and 1.5g in the x and 
y axes, at high pressure and very low temperature, to 
obtain a maximum stress of 25.3kgf/mm2 at the center of 
the ball.  
3. The flow characteristics of the ball valve were 
analyzed with inlet and outlet pressures of 168kg/cm2

and 80kg/cm2, respectively, to obtain the velocity 
distribution and eddy flow of LNG according to the 
valve position.  
4. The design of the constituent parts of the ball valve, 
including the body, seat, bonnet, ball and spring, were 
optimized.  
5. In this study, a high-pressure, cryogenic ball valve 
that can achieve zero leakage was designed. 
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ABSTRACT 

In this paper a Ultra-high pressure (UHP) water jetting removal rust cleanout auto-robot is designed, which works with 
the high-pressure pump units with pressure 250MPa and the vacuum residue displaced system. It is the implement 
machine for the removal rust system. Three key technique questions are solved in the cleaning automation process. 
These are wall attaching, wall moving and wall cleaning technique. Experiments showed that the robot both remove rust 
efficiently and move agility.  

KEY WORDS  

Removal rust, Wall-climbing robot, UHP water jetting  

NOMENCLATURE 

d : nozzle diameter
Ff : water jetting kick force
Fm : each permanent magnet adsorption affinity 
Fmax : maximal water jetting kick force  
Fm1 : the first permanent magnet adsorption affinity  
FS : vacuum suction force 
G : the total gravity of robot and its load 
H : the distance between gravity center and  

vessel wall
h : the distance between adsorption affinity  

and holding power in a permanent magnet 
l : the distance between first and mid magnet
l’ : the distance between first and last magnet
MA : the total tip-back torque of point A
Mf : the total torque from resisting force in a magnet 
MG : the torque from gravity 
MQ : the torque from motor output by reductor 
Ni : holding power of each permanent magnet
N1 : the first permanent magnet holding power

n : the number of permanent magnets attaching wall  
P : vacuum pressure
p : jetting pressure 
q : flux
r : working radius  

: included angle between vessel wall and gravity 
: water jetting direction change 
: friction factor between vessel wall and robot 
: density of water 
: speed of water jetting 

INTRODUCTION

Water hydraulics has advantages of environmental 
friendly, cleanness, safety, readily available, inexpensive, 
and easily disposable[1]. Ultra-high pressure (UHP) 
water jetting has wide apply. As is shown in Figure 1, a 
UHP water jetting removal rust cleanout system worked 
by an auto-climbing-robot is designed. In the system 
three subsystems are established. They are the 
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high-pressure pump units with pressure 250MPa and 
power 132kW, the attaching automatically robot system, 
and the vacuum residue displaced system. 
The robot which works as mobile platform and working 
platform includes two pedrails with some permanent 
magnets for  suction and a combined cleaning device 
can flush, scrub, scrape the wall surface and collect 
sewage automatically. It works with water jetting 
pressure about 250 MPa and can be manipulated by 
hand-holding control-box remotely. 

Figure 1 Ultra-high pressure (UHP) water jetting 
removal rust system

DESIGN INDEX 

(1) Max speed : 46.3mm/s 
(2) Clambing height : 30m 
(3) Rust width : 250mm 
(4) Weight : less than 90kg 
(5) Degree of vacuum:-0.6bar 
(6) Working pressure : 250 MPa 
(7) Load ability : 800N 

The structure of the attaching robot is design as shown 
in Figure2. It is driven by two motors that connected 
with each reductor, and attaching by two pedrails with 
72 permanent magnets. A cleaner with nozzles is set in 
the center of the robot. 

Figure 2 The structure of the robot 

THE STATICS ANALYSIS 

Considering the operation requires the robot to bear a 
large load and to be highly reliable, the structure of 
wall-attaching based on two caterpillar chains with 
permanent magnets. It is indispensable that the attaching 
force can overcome the force that arise from robot 
gravity, load of water canal, air pipe and electric cable, 
and friction force  arise from vacuum suction[2]. 
There are water jetting kick force and vacuum suction 
force act on the robot at work. Their equation are shown 
in Eq(1) and Eq(2) [3]. 

              pqFf 745.0            (1) 

              PrFs
2                (2) 

The robot working platform is not only vertical, even 
slope. The attaching robot analysis of force in normal 
vessel wall is shown in Figure 3 

Figure 3 Robot stressed analysis 

Gliding analysis 

The analysis of force in direction parallel to vessel wall 
give the no gliding condition in Eq(3):  

              fFG cos              (3) 

              
n

i
if NF

1
            (4) 

Considering the water jetting kick force and vacuum 
suction force, the holding power of each permanent 
magnet is shown in Eq(5): 

n
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FN sf
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        (5)  
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By means of analyse the  robot with water jetting kick 
force and vacuum suction force, the condition of no 
gliding is shown in Eq(8):  

nFFGGF sfm /)sincos(    (8) 

Set the parameters of Eq(8) ,the no gliding condition is 
shown in Eq(9). 

41sin40cos80mF       (9)  

The curves between each permanent magnet adsorption 
force (Fm) and included angle between wall and gravity 
( ) is shown in Figure 4. 

Figure 4 Gliding relation with each magnet adsorption 
force and angle between vessel wall and gravity 

Results

According to the Figure 4, the most dangerous angle ( )
is 27.5 degree, and the permanent magnet adsorption 
force (Fm) approximate 48N. 
Tip-back analysis  

As shown in Figure 3, tip-back is the robot turn back 
around point A, he sunction of permanent magnets 
must overcome the total torque arise from gravity, 
vacuum suction force and water jetting kick force. The 
moment balance is shown in Eq(10) and Eq(11) .   

2
cos)sin(

)( '
1

aGHlFFaG
lNFM sf

mA
(10) 

                0AM                (11) 

1'2
cos)sin(

N
l

aHGlFFaG
F sf

m     (12) 

According to the Eq(12) ,if the robot work normally, the 
condition in Eq(13) is indispensable. 

              01N                 (13) 

Considering the analysis of robot with water jetting kick 
force and vacuum suction force, the condition of 
attaching is shown in Eq(14):  

'2
cos)sin(

l
aGHlFFaG

F sf
m      (14) 

Set the parameters of Eq(14), the no tip-back condition 
is shown in Eq(15): 

    5.307sin240cos300mF     (15) 

The curves between each permanent magnet adsorption 
force (Fm) and included angle between vessel wall and 
gravity ( ) is shown in Figure5. 

Figure 5 Tip-back relation with each magnet adsorption 
force and angle between vessel wall and gravity. 

Results

According to the Figure 5,the most dangerous angle ( )
is 34.9 degree ,and the permanent magnet adsorption 
force (Fm) approximate 76N.When the angle ( ) is 0 to
4.1 degree and 73.4 to 90 degree, the robot will attach 
the vessel wall all along because of vacuum sunction. 

THE DYNAMICS ANALYSIS 

The means of moving is two caterpillar chains with two 
motors. When the robot run up, it is necessary for the 
output torque of the two motors to overcome the 
moment of resistance (Mf) which arise from magnets 
adsorption affinity (Fm) with holding power (Nn), and 
gravity (MG). The moment balance is shown in Eq(16): 

              0GfQ MMM        (16) 

            h
n
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FM fs
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2
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By means of the analysis of dynamics, the condition of 
attaching is shown Eq(19):  

2
cos)( GHh

n
FF

FM fs
mQ    (19) 

THE ANALYSIS OF WALL-CLEANING 

Some UHP nozzles is fitted on the robot for bringing the 
jetting force by high speed water to rusty scale, at the 
same time the tangential high speed water current brings 
wedge water, which can expansion the rusty scale crack, 
and get rid of the rust[3].
The restraint from water jetting nozzle make the speed 
of water jetting increased. With the jetting enter into air
turbulent flow generates jetting power loss, so the 
jetting speed reduces that there is no enough energy to 
remove rust effectively. Therefore it is necessary to 
farthest utilize jetting center[4]. 
Given the water jetting act on the object surface and 
based on the momentum theorem, the total water jetting 
kick force is shown in Eq(20):  

          )cos1(qFf            (20) 

The simulation of water jetting is shown in Figure6. 

Figure6 Different reflects direction after water  
jetting acting on the surface of object 

According to the Figure6, when the angle is 180 
degree, the jetting is total reflection,  water jetting 
kick force is maximal. The distance of robot nozzles 
from vessel wall is also important. The good distance of 
the water jetting is shown in Eq (21) and the maximal 
water jetting kick force is shown in Eq (22):  

         9.088.0)100/(7.99 dpl          (21) 

        75.115.1
max )100/(120 dpF         (22) 

EXPERIMENTS 

With the pressure is 250 MPa, the number of nozzles is 
six and the diameter of nozzles is 0.25mm, experiments 
is did and the data is obtained and shown in Figure 7.              

Figure 7 The relation about robot speed and nozzle 
distance from wall 

As illustrated in Figure8, with the distance between 
nozzle and vessel wall increase gradually, the robot 
speed of advance must decrease correspondingly, 
otherwise, the rust will remove ineffectively. 
Considering the gravity center of the attaching robot and 
the agility of robot control, the distance between nozzle 
and vessel wall was taken as 20mm and the robot speed 
of advance was taken as 33mm/s. 

CONCLUSIONS 

(1) Based on statics and dynamics analysis, three 
empirical equations are obtained, in these 
equations, the permanent magnet and motor with 
its redactor can be chosen well. 

(2) When the distance of robot nozzles from vessel 
wall is 20mm and the robot speed of advance is 
33mm/s, the robot is in good removing rust 
working condition. 
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ABSTRACT 

Aerostatic spherical bearings can operate in places which requiring three degrees of freedom in rotation with a 
minimum of frictional drag. It is one of the key components of aerocraft motion simulator. With the development of 
large-scale simulation equipment, the requirement of aerostatic bearing with heavy-duty is widely and imminent. 
Compared with aerostatic spherical bearing with multi-orifices compensation, the bearing with inherent compensation 
and integrated socket is newly developed, and it has admirable stability in large scale of supply pressure. A new type of 
running-in aerostatic spherical bearing with inherent compensation and large wrap angle is designed and optimized. At 
the same time, the pressure and velocity field distributions in region of gas film are obtained by CFD software. 
Experimental results are proved that the bearing capacity of the new aerostatic spherical bearing is far improved than 
conventional one. 

KEY WORDS 

Aerostatic spherical bearings, Heavy-duty, CFD, Inherent compensation 

NOMENCLATURE 

e : offset of center point  
p : radial pressure  

sp   :    supply pressure 

ap   :    ambient pressure 
d   :    diameter of supply hole 

0, 1 :    wrap angle of supply holes
R    :    diameter of spherical bearings 
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INTRODUCTION

Gas lubrication is a new technique because of the rapid 
development of spaceflight and industry since 50 ages. 
Especially, aerostatic spherical bearings can operate in 
places which requiring three degrees of freedom in 
rotation with a minimum of frictional drag, and widely 
applied by precision bearing on spacecraft simulator, 
inertial navigation, principal axis of ultra precision 
machine and so on. The disadvantages such as lower 
bearing capacity stiffness and stability limit the 
application, so the research of aerostatic bearings with 
high-pressure and heavy-load is very necessary. 
One key technique of large-space structure is flexibility, 
the complete physical simulation must be tested to 
insure the safe of aerocraft, such as the space 
intersection kinetics and the effect of difficult 
foundation of precision math model on control system 
including friction of flywheel on dry condition, 3 axe 
coupling of twist roller, flexibility of solar panel.  
There are special departments to study on physics 
simulated equipments of large flexibility structure such 
as Germanic Space Navigation Academe, American 
Langley Research Center. Especially, Langley Research 
Center carried the simulation technique, equipments and 
experiments for space shuttle and manned space station 
including “Apollo Airship” and “Air Laboratory” since 
1960s; they have obtained great achievement by 40 
years.
The gas lubrication system is one of the core systems. 
Chinese some graduate school fetched in a suit of gas 
lubrication system on condition of high pressure and 
heavy loading, aerostatic spherical bearings is the main 
part which can offer lower friction and micro-gravity, 
the supply pressure is 30×105N/m2, the fact using 
pressure is 15×105N/m2 carrying capacity is over five 
tons the diameter of sphere is only 400mm, the using 
pressure outclassed that of traditional structure. The 
working mechanism should be more lucubrated.  
There are three common types of aerostatic spherical 
bearings, one is running-in aerostatic spherical bearing 
with single orifice which first put forward by Robert[1], 
the second is aerostatic spherical bearing with 
multi-orifices and portion spherical socket[2], the third 
is new aerostatic spherical bearings with inherent 
compensation having integrated spherical socket. The 
running-in aerostatic spherical bearing with single 
orifice was first used, but has been fall into disuse 
because of instability. The second kind of bearing is 
often applied on limited structure because of the worse 
carrying efficiency and flow characteristic. The third 
type of bearing is a new type of aerostatic bearing 
developing with the rising of international researching 
on micro-satellite. This paper designs a new running-in 
aerostatic spherical bearing with inherent compensation 
and large wrap angle, and gave the numerical simulation 

results of static characteristic.  

DESIGN OF RUNNING-IN AEROSTATIC 

SPHERICAL BEARING

Because of air hammer at higher pressure, structure of 
controlling exhaust including two lines of exhaust holes 
in spherical socket is applied to keep the air bearing in 
working order. The air entering into the bearing is 
divided into three parts: some air outflow through the 
top gap between the spherical socket and spherical bulb, 
the two others outflow through the exhaust holes. This 
kind of structure can avoid the appearance of air 
hammer and improve the stability of the bearing, shown 
as Fig.1 

o1

o
R

e

1

Pa

Ps

0

Figure 1 The running-in aerostatic spherical bearing 
with inherent compensation and large wrap angle 

Spherical bulb and spherical socket has the same radiu 
R=75mm, the wrap angle of spherical socket is 160 .
The wrap angle of supply holes 0, 1 is separately 36
and 50  which there are 10 uniform holes. The angle of 
exhaust holes is separately 12  and 70  which there are 
separately 4 and 12 uniform holes of every  array. 

CONTROL EQUATIONS OF SIMULATION

Conventional Reynold control equations are deduced 
based on neglect of inertia force. But with increasing of 
the supply pressure and gas film, the effect of inertia 
force is gradually intensive, the complete N-S equation 
is adaptive on the working condition[3]. 
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Steady continuity equation:   
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NUMERICAL SIMULATION ANALYSIS 

Fluent is general CFD software which the control 
equations are dispersed and solved with finite volume 
method. In this paper, explicit coupled solvers linearize 
the coupled equations of high-speed compressible flows. 
This method may give it a performance advantage over 
the segregated solver for the flow on greater inertia 
force. Pressure equations are solved by linear difference 
format; density and momentum are solved by second 
order upwind format. Comparisons of pressure 
distribution and Mach number are shown as Fig.2. 

a Pressure distribution of gas film 

b Mach number distribution of gas film 
Figure 2  ps/pa=14, d=1.2mm, e=40 m

Though the pressure at exhaust holes reduce to ambient 
pressure, the average pressure value still hold high near 
the sock, shown as Fig.2(a). The results of Mach 
number is corresponding as that of pressure, shown as 
Fig.2(b). 
However, when the gas film gets larger to 
100 m(shown as Fig.3), pressure depression beyond
the supply hole already occurs and the pressure value 
at 40 m is obviously higher than that at 100 m near 
ball socket which the maximum difference can reach to 
0.5Mpa. Especially, the pressure profile is different, 
there is a process of falling and recovering near supply 
hole. The phenomena are caused by interaction 
between inertia force and viscous force.  
In like manner, the tendency of velocity distribution 
also proved the changes. The velocity at the center of 
ball socket is zero which forming a stagnant air flow 
region. The gas at entrance flow into bearing with low 
velocity, then gradually accelerate along the flow 
direction which is more obvious at small gas film. The 
flow velocity reaches to maximum near supersonic 
flow at exhaust hole because of pressure depression. 
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Figure 3 Effect of offest e to flow characters  

When the diameter of supply hole gets larger (shown 
as Fig.4), the values of pressure and mach number are 
very close at the same position. Especially, the mach 
number profiles are almost superposition. So we should 
design greater supply hole in favor of machining. 
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 CHARACTERISTICS EXAMINATION  

The characteristics examination system mainly includes 
gas source, filter, loading devices, testing apparatus, etc. 
(shown as Fig.5) 

1-Loading system, 2-Force sensor, 3- Spherical bulb,
4-Support plan, 5-Spherical socket, 6-Distance sensor, 

Figure 5 Sketch map of testing system  

The contrastive results of load between numerical 
simulation and experimental test are shown as Fig.6. 
Though the tendency of the variety is basically close 

agreement each other. The value of carrying force by 
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Figure 6 Contract of carrying capacity  

simulation is greater 20% than that by testing. The first 
reason is caused by the simplified flow field as 
laminar flow; the second reason may be that the 
beginning offset e is not very precision. 

CONCLUSIONS 

The new running-in aerostatic spherical bearing has 
integrated socket, and can offer admirable stability and 
carrying capacity in large scale of supply pressure. 
Experimental results are also proved that the bearing 
capacity of the new aerostatic spherical bearing can 
steady work at over conventional supply pressure 
0.6Mpa. These conclusions give some valuable 
references for studying on heavy-duty fields.  
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ABSTRACT

We considered the so-called Fanno flow as a model of flow through pneumatic pipe lines with a constant diameter. 
The flow is one dimensional, steady and adiabatic.  The friction coefficient is constant. We succeeded to express the 
critical pressure ratio of the flow which is choking at the exit of the pipe line by three parameters, the pipe 
diameter, the pipe length and the friction coefficient. We compared the theoretically estimated critical pressure ratio 
to the experimental results. The results showed the good agreements except the case of the short pipe lines less than 
10 cm. It was confirmed that our method of determination of the ratio was very useful for the flow calculation using 
ISO choke equation. With these studies we established the simulation program for the Fanno flow on 
MATLAB_Simulink and show that the program was easily applied to connected pipelines in series. 

KEY WORDS 

Pneumatic, Pipeline, Simulation, Friction, Choking 

NOMENCLATURE 

b : Critical pressure ratio 
c : Speed of sound 
D : Inner diameter 
f : Friction factor 
K : Loss coefficient 
L  : Length of pipe 
Q : Volumetric flow rate
qm : Mass flow rate
R : Gas constant of air
T : Temperature 
M : Mach number
p : Static pressure
v : Axial speed of flow 

: Specific heat ratio 
: Density of air 

(Subscripts) 
1  : Up stream state point 
2  : Down stream state point 
a  :Approximate value 
c  :Critical condition 
e  :Exit 

INTRODUCTION

It is the one of important problems in the designing 
pneumatic systems to estimate the pressure drop in pipe 
lines with losses. Ignoring the compressibility of the air, 
the estimation becomes simple but the accuracy is not 
enough for the flow of the large Mach number. The 
conventional analysis of the Fanno flow[1] ,[2] ,[3],[4] is 
applicable for the air flow through the uniform adiabatic 
rigid pipe with losses. But it has the short-coming that 
the analytical solution to represent the pressure drop as a 
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function of the mass flow rate is not available and so the 
numerical method is inevitable in the analysis.   

In this paper we introduce the analytical forms of the 
approximate solutions for Fanno flow and present the 
simulation programs on MATLAB Simulink[5] for the 
steady, adiabatic, one dimensional pneumatic flow in 
uniform pipes with losses. 

BASIC EQUATIONS 

Generally, the basic equations for a pneumatic pipe 
line are assigned as follows. 

0
v
dvd  (1) 

22
4 22 vdKdpvdx
D
fdpvdv   (2) 

0dTcvdv p  (3) 

T
dTd

p
dp  (4) 

Four unknown p, T, v and  are determined from 
these equations for given D, L, f and the boundary 
conditions. 

APPROXIMATIONS FOR THE FANNO FLOW 

The friction losses of the flow lead to the pressure 
drop and the velocity increase along the flow. When the 
Mach number Me at the exit of the pipe approaches to the 
unity, the choking of the flow occurs. The state variables 
and parameters on the pipe-line are specified as shown in 
Figure 1. Integrating the basic equations as shown in the 
references, the loss coefficient K12 and the pressure ratio 
between the state point 1 and 2 is expressed as the 
function of the Mach numbers as followings. 
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Define the approximate Mach number ratio (M1/M2)a as 
shown in the following equation. 
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Figure 1  Pipe line and states 

This approximation simplifies Eq. (6) as follows,  
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Solving Eq. (8), we get the approximate Mach number 
ratio as the function of the pressure ratio. 
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Substituting the approximate Mach number ratio 
(M1/M2)a and Eq. (7) into Eq. (5), the loss coefficient K12
is expressed as follows. 
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M1a is defined as the approximate value of M1 which 
fulfils Eq. (10) and expressed by the following. 
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From Eq. (9) and Eq. (11) we can get the analytical 
equation which expresses the approximate Mach number 
M1a as the function of the pressure ratio p2/p1. Solving Eq. 
(6) and Eq. (11), the approximate Mach number M2a at 
the state point 2 is obtained. 
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11211 ppMM
M aa

a (12)

The sound speed at the state point 1 is given by the next. 

11 RTc (13)
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The mass flow rate is given by the next. 

am M
T
p

R
DvDq 1
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2

11
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44
(14)

It was presented that the approximate mass flow rate of 
Fanno flow could be expressed in the analytical form 
from the given pressure at arbitral two cross sections. 

CHOKED FLOW 

When the flow is choked at the exit of the pipe, the 
loss coefficient K between the state point 1 and the exit is 
obtained from Eq. (1), substituting Me=1 to M2 .
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MK (15)

,where M1c is the Mach number at the state point 1 for 
the flow choked at the exit. The value of the loss 
coefficient K is shown in Figure 2. The computation of 
the loss coefficient K for the given the Mach number M1c
is straight forward but the inverse has to use a trial and 
error method. We proposed the functions to compute the 
approximate Mach number M1ca from the loss coefficient 
as follows. 

In the range of  3.10 K
05.0728.0exp95.0 415.0

1 KM ca (16)

The M1ca is compared with M1c as shown in Figure 3. 

In the range of  255.0 K
1.0787.0exp9.0 386.0

1 KM ca (17)

Eq. (16) and Eq. (17) coincides at the value K=0.9335. 

In the range of  12025 K
0520290exp40 4750

1 .K..M .
ca (18)

The relative errors (M1ca – M1c)/ M1c for Eq. (16), Eq. 
(17) and Eq. (18) are less than 1% in the respective 
ranges. The pressure ratio p2/p1 for the choked flow is 
defined as the critical pressure ratio b. Substituting M1ca
into Eq. (8), the critical pressure ratio b is obtained as 
shown followings. 

1
12 2

1
1

1

2 ca
ca

c

c MM
p
pb (19)

From Eq.(15) and Eq. (19), we can plot the b as a 
function of K as shown in Figure 6. 

The critical pressure ratio b is highly affected by the 
value of the loss coefficient K in the lower range than 20. 

The loss coefficient K=0 means the non-viscous case and 
the corresponding critical pressure ratio b is the unity. It 
shows the Mach number M1 at the state point 1 is equal 
to 1. 

Figure 2  Loss coefficient K

Figure 3  M1ca and M1c ( 3.10 K )

Figure 4  M1ca and M1c ( 255.0 K )

Figure 5  M1ca and M1c ( 12025 K )
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Figure 6  Critical pressure ratio b 

SIMULATION PROGRAM ON MATLAB

Now, it became practicable to solve the unknown 
variables in the Fanno flow by the direct computation of 
the above mentioned equations under the given 
conditions. We adopted MATLAB as the one of the 
simulation tools to simulate the one dimensional steady 
flow with losses through adiabatic uniform pipes of finite 
lengths. 

As the first step of the simulation, the parameters and 
the boundary conditions shown in Figure 7 have to be 
given. The next steps are creating blocks and subsystems 
to compute equations by making use of the Simulink as 
shown in Figure 8. The left three ports in Figure 8 are the 
given states at boundaries and the right five ports give 
outputs. The details of five subsystems with labels in 
Figure 8 are shown in Appendix. The subsystem p2/p1 
determines p2c at the choking condition by making use of 
Eq. (16), (17) and (18), and gives the pressure ratio p2/p1.
The subsystem Mach1 computes Eq. (9), (10) and (11) to 
get M1a from the obtained the pressure ratio p2/p1. The 
subsystem Mach2 outputs M2a from M1a and p2/p1 by 
computing Eq. (12). The subsystem q2 gives the mass 
flow rate qm1 by computing Eq. (14). The subsystem 
T2 computes T2 from T1, M1a and M2a by making use of 
Eq. (20) which is deduced from the fundamental 
equations for the Fanno flow [1].

12
2

2
1

2
12
12 T

M
MT (20)

EXPERIMENTS AND SIMULATIONS 

The flow rate of the choked flow is given by Eq. (21). 

camc M
T
p

R
Dq 1

1

1
2

4
(21)

The nondimensional flow rate qn is defined by Eq. (22). 

mcmn qqq (22)

Figure 9 shows the theoretical curves and the marks 

of the experimental results [6] which were done at SMC 
Co. The factor f was chosen to fit the experimental 
results. The relation between the critical pressure ratio b
and the ratio L/D is obtained by our simulation method 
and it is shown as the one solid line in Figure 10. 

Circle marks and asterisk marks are the estimated 
values of the critical pressure ratio which are based on 
the results of the numerical flow analysis[7] and the 
experimental results [6] done at SMC Co. respectively. 
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Figure 7  Parameters and boundary conditions of pipe 
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(a) D = 2.5 mm 

(b) D = 6.5 mm 
Figure 9 Nondimensional flow rate
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Figure 10  Critical pressure ratio b
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Figure 11  Series connection of pipe lines 

The simulation of flows through the series connection of 
pipes as shown in Figure 11 can be realized by the 
straight-forward connection of Simulink blocks of each 
line. In this case we put imaginary tanks at each junction 
to avoid causal conflicts in computations.

The parameters shown in Figure 11 are f=0.0055, 
D=4.01mm, L=4.83m. The nondimensional flow rate qn
computed as the single line (a) is shown as the solid 
curve in Figure12. The same flow rate qn computed as 
the connection of two same lines (b) is shown as the 
diamond marks. The difference between both simulation 
results is negligible for practical uses. The asterisks and 
circles shown in Figure 12 are experimental results done 
at Shibaura Institute of Technology for the single line (a). 

Figure 12  Simulation and experiments

CONCLUSION 

It was confirmed that our simulation method was 
excellent enough to estimate the flow characteristics of 
pipe lines for designing pneumatic systems. Especially, it 
is practically useful that the critical pressure ratio b can 
be expressed by the loss coefficient of the pipe line and 
the simulation of flow for connected lines in series is 
straight-forward. 
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ABSTRACT 

Based on the analysis of principle and structure of the gas booster, this paper studied on its charging process from 
low-pressure gas bottle to high-pressure one, considered the effect of some facts, including the changing of inlet and 
outlet pressure, clearance space, friction, according to the principle of kinematics, gas dynamics and 
thermodynamics ,established the mathematical and dynamics model of a gas booster system, which includes pressure 
differential equation of each chamber, flow rate equation, as  well  as the temperature equation and piston 
acceleration equation. The system is simulated with M-File of MATLAB software, and we got the pressure change 
curves, flow characteristic curve and time of charging gas, and the experimental data proved the correctness of 
simulation result, and provide theoretical basis for model selection and overall design. 

KEY WORDS 

Gas booster, Mathematical model, MATLAB, Numerical simulation 

NOMENCLATURE 

Ae : Effective area of pipeline system; 
b : Critical pressure ratio; 
k : Adiabatic exponent; 
M : Mass of the piston; 
R : Molar gas constant; 
S : Stroke of the piston; 
X : Displacement of the piston; 
X10 : Clearance of chamber 1. 

INTRODUCTION

Gas booster is an equipment of compressing 
low-pressure gas to high-pressure, which has wide 

applications in gas bottle charging and compression 
fields. The working principle of gas booster abide by 
Pascal's Law, if there is a smaller force acting on the big 
end of piston, there will be a bigger force on the small 
end. Based on the analysis of principle and structure of 
gas booster, a mathematical model was set up, and we 
solved the problem of reciprocating motion of piston in 
the simulation,  the experimental data verified the 
correctness of this simulation, and provide theoretical 
basis for model selection and overall design.  

MATHEMATICAL MODEL 

In the experiment, we use a single acting gas booster to 
pressurize the gas, whose pressure ratio is up to 30. 
Aiming at the course of charging, we established the 
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mathematical model. The model of gas booster system 
is shown in Figure 1. 

1
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Figure 1 Physical Model of Gas Booster System 

For the physical model of gas booster system, we 
suppose the working media is ideal gas, and there is no 
leakage in the course of charging; the temperature field 
and pressure field is uniform in the same chamber, and 
the state parameters of gas are equal at any point and 
any time; the gas flowing through a throttle was 
supposed to be one-dimension adiabatic steady flowing. 
Take chamber 1 to 5 as control body respectively, and 
the gas obeys the first law of thermodynamics and the 
flow rate continuation equation, so we got the pressure 
equation of each chamber.
Pressure Differential Equation of Chambers 
Take five chambers as control body separately, and the 
volume of gas booster could easily get as shown in 
Figure.1, according to the first law of thermodynamics, 
the gas state equation and the flow rate continuation 
equation, we got the pressure differential equation of 
each chamber 

dt
dV

V
pk)QTQ(T

V
Rk

dt
dp

outinin
     (1) 

Temperature Equation 
Based on the course of adiabatic inflation for each 
chamber, suppose its pressure change from P0 to P,
temperature from T0 to T and volume from V0 to V, the 
temperature of gas source is Ts, then the temperature of 
the chamber after inflation 
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           (2) 

Based on the course of adiabatic deflation for a chamber, 
suppose its pressure change from P0 to P, temperature 
from T0 to T, then the temperature of the chamber after 

deflation can be calculated as follows, in which 
k 1.4. 
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Flow Rate Equation 
According the study of Sanville F.E., the calculation 
formula of the mass flow rate for the real pneumatic 
component can be calculated as follows,  
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In the equation, Ae is the total effective area of inlet and 
outlet pipeline system, Tu , Pu , Pe are respectively the 
upstream temperature, upstream pressure and 
downstream pressure, according to upper equation, we 
got the flow rate equation of every chamber of gas 
booster and gas bottle.
Piston Motion Differential Equation 
The reciprocating motion of the piston is mainly due to 
the gas force of each chamber as well as the friction 
force between the piston and the cylinder wall. The 
force diagram of the piston is shown in Figure 2. 

33 AP11 AP

22 AP

fF
11APa

Figure 2 Force diagram of the piston 

Take rightward as the positive direction of vector, its 
value can be calculated as follows:

fa FAPAPAPAPF 33221111
             (6) 

In the equation, Ff is the friction between the piston and 

420Copyright © 2008 by JFPS, ISBN 4-931070-07-X



the cylinder wall, including the static friction when still 
and the sliding friction when moving, the direction of 
which is judged by the velocity or acceleration of the 
piston, which could be explained as follows 

0)sgn(
0

vvvBF
vF

F
efc

fs
f

             (7) 

In the equation, Be is damping coefficient, Ffs, Ffc are 
respectively the maximum static friction and Coulomb 
friction. 
When piston is at the most left and the direction of 
resultant force is rightward or at the most right and the 
direction of resultant force is leftward, as well as when 
piston is in the stroke, the acceleration of piston can be 
described as follows:
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NUMERICAL SIMULATION 

The core of the simulation is to solve the differential 
equations, in Matlab, the type of the solver we used is as 
follows 
[T,Y,TE,YE,IE] = ode45(odefun,tspan,y0,options)  
In the mathematical model, the equation of pressure of 
each booster chamber and flow rate are not the same 
when piston move rightwards or leftwards, in order to 
judge the direction of the piston movement, we use the 
output arguments of the solvers-IE, which is got in the 
"options" of events. In simulation procedure, the events 
function is set as follows: 
Function [value, isterminal, direction] = events(t, y) 

global S; 
value =[y(1) y(1)-S];     % detect value = 0 
isterminal =[1 1];    % stop integration 
direction =[-1 1];  % direction of value change 

SIMULATION RESULTS 

Run the simulation procedure in Matlab, simulate the 
charging process from a low pressure gas bottle of 
volume and pressure are separately 40L and 7MPa to a 
high pressure bottle of 30L and 12.9MPa. The driven air 
pressure p1 is 0.6MPa, the initial temperature is 2 .
We got the curve of the displacement of the piston and 
pressure of each chamber. The results are shown in 
Figure 3 and Figure 4. 
Figure 3 indicates that the frequency of piston circle is 
about 1.4 circles per second, and the displacement of 
piston in each circle is from zero to maximum stroke 

and back to zero. On this basis, the consumption of 
driven air can be obtained. 
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Figure 3 Displacement of piston 

Figure 4 shows that the charging time from 12.9MPa to 
14MPa is different. The simulation result is 132 seconds, 
and the experimental result is 140 seconds. There is a 
good agreement between experimental and simulation 
results.  
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Figure 4 Pressure of two gas bottles 

CONCLUSIONS 

In this paper, the mathematical model was founded for 
the course of gas bottle charging, which mainly 
including the pressure differential equation, piston 
movement differential equation, as well as temperature 
and flow rate equation of each chamber. In the 
simulation process, the problem of reciprocating motion 
of piston was solved. By comparing with the experiment, 
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the mathematic model was proved to be able to reflect 
the work process of gas booster correctly. The error of 
two results is due to the given parameter values.  The 
research provides theoretical basis for model selection, 
overall design, and for structure optimization. 
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ABSTRCT

The Pneumatic Center in Huazhong University of Science and Technology (HUST) is one of the most active research 
center in fluid power transmission and control in China. The main fields of Pneumatic Center in HUST are component 
development and control technology of fluid power. Hydraulics research is the most important part of fluid power in the 
Pneumatic Center in HUST. Based on several decades of the research on the hydraulics in HUST, the further research 
and new application in this field are made, include underwater motion platform, automatic buoyancy regulation 
technology and new type hydraulic valve, etc.. From 1996, the Pneumatic Center in HUST focuses on the combination 
of electronics, computer technology and pneumatics, and the research achievement play a very important role in some 
state key engineering projects successively. The pneumatic research and applications have been developed, such as the 
gas temperature control technology, pressure and vacuum servo control technology, leak-testing technology, pneumatic 
muscle platform and the high pressure pneumatic valve, etc.. In this paper the main research and application of 
hydraulics and pneumatic in Pneumatic Center in HUST are introduced. Also some practical examples research projects 
and subjects in above fields are presented. 

KEY WORDS  

Pneumatic, Vacuum and Pressure, High Pressure, Hydraulic, Underwater 

INTRODUCTION FOR PNEUMATIC CENTER 
AND RESEARCH FIELD 

The Pneumatic Center in Huazhong University of 
Science and Technology is one of the most active 
research center in fluid power transmission and control 
in China. The main fields of Pneumatic Center in HUST 
are component development and control technology of 
fluid power. 
Hydraulics research is the most important part of fluid 
power in the Pneumatic Center in HUST. Based on 
several decades of the research on the hydraulics in 

HUST, the further research and new application in this 
field are made, include underwater motion platform, 
automatic buoyancy regulation technology and new type 
hydraulic valve, etc.. 
From 1996, the Pneumatic Center in HUST focuses on 
the combination of electronics, computer technology and 
pneumatics, and the research achievement play a very 
important role in some state key engineering projects 
successively. The research field pneumatic center 
includes: 

Study of new type hydraulic and pneumatic 
component and system 

423

Proceedings of the 7th JFPS International
Symposium on Fluid Power, TOYAMA 2008

September 15-18, 2008

P1-31

Copyright © 2008 by JFPS, ISBN 4-931070-07-X



Electronic hydraulic proportion/servo control 
technology, including position and force control 
system  
Electronic pneumatic proportion/servo control 
technology, including pressure, vacuum, position 
and force servo control system 
High-pressure pneumatic technology  
Mechanic and electronic integration, computer 
testing technology  
Study of special equipment applied to the 
semi-physical simulation system, including air 
environment simulation technology, load simulator, 
underwater motion platform etc.. 

Figure 1 The pneumatic center in Huazhong University 
of Science and Technology (HUST)

PNEUMATIC TECHNOLOGY RESEARCH AND 
APPLICATION

Vacuum and Pressure Continuous Control
Research in this sector is aimed to implement 
semi-physical flight height simulation technology of 
flight of aircraft. The technology is researched to master 
the flight condition and characteristics to avoid danger 
and ensure stable control of flight. In the research, the 
pressure and vacuum continuous control system is 
studied, which can implement continuous control of 
pressure and vacuum with high accuracy and fast 
response. 
Initially, an idea is presented[1-2] to solve the problems 
mentioned above, that is, making use of pneumatic servo 
technology to control vacuum, the vacuum servo control 
system is founded with servo valve and vacuum 
generator. The research solves the key problem of 
developing vacuum servo control system with high 
accuracy and fast response. 
The further advances have been made in studies[3-5] the 
pressure and vacuum continuous control system, which 
is shown in the Figure 2. The system adopted compressor 
and vacuum pump as pressure and vacuum source 
respectively. The research results demonstrated that the 
system behaved with desirable static and dynamic 

characteristics. When absolute pressure in closed chamber 
declines from 100 kPa to 20 kPa, the transition time is 1.4 s and 
static error is less than 30 Pa. When system traces sin wave 
signal (frequency is 1 Hz and amplitude is 0.2 kPa), amplitude 
frequency error and phase frequency error are 0.37% and 4.939 
3° respectively. 

A/D D/A 

Compressor
Closed chamber Pressure sensorServo Unit

Computer 

Vacuum pump

Figure 2 The sketch of the pressure and vacuum 
continuous control system based on vacuum pump 

Based on a decade of theory research, several kinds of 
simulators for flight height and Mach number are 
developed with high accuracy and fast response, which 
are well applied to semi-physical flight height simulation 
system for aircraft and UAV.
Gas Temperature Control
The growing uses of simulator for total temperature have 
encouraged research to explore key technology of gas 
temperature control. For the gas temperature control 
system being a time-varying, big inertia and non-linear 
system, it’s hard to control the gas temperature accurately, 
especially gas temperature control of a flowing open 
system with high degree of accuracy and fast-response 
signal of gas temperature.
By way of example, Figure 3 describes a principle of 
high and low temperature control system[6]. The 
research results show that the system can control gas 
temperature among the range between 233 K and 393 
K. The static error is not more than 0.4 K. The 
maximal temperature varies rate is 1 K/s. 

A/D 

D/A Heater

Gas chamber 

Temperature 
sensor 

Servo Unit 

Computer

Refrigeration Unit

Gas supply 

Figure 3 Principle of the temperature control system 

Recently, the research in this filed to acquire further 
development. For the system[7,8] showed in Figure 4, the 
temperature range been controlled is 293 753 K, the 
maximal static error is 2 K and The temperature 
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varies rate can achieve 80 K/s.

Industrial Control 
Computer

I/O

A/D

D/A

Power Amplifier

Gas Supply

Electricity-Gas
Servomechanism 
Installation

Gas Process Heater

Temperature SensorGas Chamber

Figure 4 Operating principle of the system 

Leak Test 
The leak test is another research field of Pneumatic 
Center. The leak test system[9], which serviced to 
important device is shown in the Figure 5. When setting 
pressure in the closed chamber in the system to 50 kPa 
and 200 kPa respectively, the variety value of pressure is 
no more than from 20 kPa to 30 kPa. 

Figure 5  The leak test system 

High Pressure Technology 
The research on the high pressure technology firstly 
focus on simulation of high pressure gas flow. The 
pressure and flow characterize of high pressure is studied 
by means of computational fluid dynamics. The 
simulation result is of benefit to further optimal design of 
high pressure pneumatic component. 

Figure 6 Sketch of high-pressure pneumatic system 
Based on theory research, high pressure Pneumatic 
valves are researched. As shown in the Figure 6, a new 
type high-pressure Pneumatic solenoid on-off valve[10] is 
developed, which has the advantages of high work 

pressure and large output flow-rate. 

HYDRAULIC PRESSURE TECHNOLOGY 
RESEARCH AND APPLICATION

Hydraulic System 
The underwater-simulated device[11] has pure rotational 
degrees of freedom with rotational range of ±30° with 
respect to x and y axes and rotational range of ±180° 
about z axis. It is necessary to design a spatial 3-DOF 
manipulator according to the requirements of the 
simulated device. Its architecture is shown in Figure 7. 
The device consists of a 2-DOF parallel manipulator 
driven by hydraulic cylinders and a creeper gear with one 
degree of freedom driven by servo motor. Hence, the 
kinematic characteristics of the creeper gear are 
independent of the rotations of parallel manipulator. The 
characteristics and control of the creeper gear driven by 
servo motor are simple relative to the parallel 
manipulator in this project. 

Figure 7 The sketch of the underwater-simulated device 

More and More importance is attached to the operating 
security and reliability of important equipment to which 
hydraulic system used in such important equipment, fluid 
flow rate limiting device is developed[12]. Purpose of 
researching the fluid flow rate limiting device is to 
improve operating security and reliability of hydraulic 
system in important equipment. 
Hydraulic System for Ocean research
With the development of ocean research, the collection 
and supervision of observations describing the ocean 
states are becoming more important. Ocean vertical 
section plane survey plat roof is a system facing the high 
technical research plan, which can meet with this 
demanding in our country. The flotage adjustor[13]

exploited is developed to meet with the actual 
demanding of ocean section plane survey plat roof to 
realize the purpose of automatic raising or lowering from 

fixed base control unit 
accumulator

hydraulic cylinder 

moving platform

creeper gear

load 

y
x

z
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100m to 150m under the water for the survey plat roof. It 
is a product with more consideration of light weight, 
smart volume, low power consumption and high 
reliability. 
Hydraulic Components
With the development of hydraulic technology, 
hydraulics has been applied widely in many industry 
fields as an automatic control means. The various valves 
are also studied with the development of hydraulics. In 
order to satisfy some special industry requirements, the 
new types of valves are studied and applied with new 
material, new structures and new functions. The watering 
valve presented in this paper is researched for the water 
supplement of lead-acid batteries[14]. The valve is one 
kind of autocontrol components, which has sensitive 
response, accurate control and steady function.

CONCLUSION 

Research in the Pneumatic Center in Huazhong 
University of Science and Technology covers a very 
wide range. In most research filed in the center, the 
theory research achievements have been developed to 
production, which is applied in some important 
technology area in China. And as the development of 
center, more complex systems and more precision 
components in the pneumatic and hydraulic field will be 
researched to meet demand of important domestic 
research institution. For Ocean research is the 
development focus in China in during the next decade, 
the center will stress pneumatic and hydraulic research 
which service to ocean technology. 
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ABSTRACT 

An importance of wearable device in the field of medical treatment has been strongly recognized. Also, the 
development of the power assisted system has been done to support the nursing care work for the elderly. The purpose 
of our study is to develop a wearable flexible displacement sensor which can measure the movement of human body by 
mounting on the skin surface. The tested sensor consists of two fixed electrodes, a slide electrode and a nylon string 
coated with carbon (NSCC). It works as a flexible potentiometer by sliding the slide electrode along NSCC while 
keeping the electrical contact. In order to keep a stable electrical contact even if NSCC bends flexibly, the slider is 
consisted of a brass cylinder filled with carbon black powder. In our previous study, we confirmed that the sensor 
worked well by carrying out the position control of a McKibben artificial muscle. 
In this paper, we proposed and tested a skin displacement sensor using the flexible displacement sensor that can 
measure the bending angle of the human arm without measuring the joint angle directly. As a result, we confirmed that 
we can know the human motion indirectly using the tested sensor. We apply the proposed sensor to the control of the 
power assisted system by using a pneumatic rubber artificial muscle. 

KEY WORDS  

String type flexible displacement sensor, Skin displacement sensor, Soft sensor, Human interaction 

INTRODUCTION 

Recently, an importance of wearable devices in the field 
of medical treatment such as nursing care and 
rehabilitation has been strongly recognized [1].  In 
order to support the nursing care task, the power 
assisted device has to be worn on the human body 
directly. These wearable devices require the flexible 
movement to apply a supporting machine for the 
nursing care work. Also many kinds of wearable device 
such as a power assisting device and an active 

rehabilitation device need to realize the flexible and 
complex movement.  The purpose of our study is to 
develop a flexible, lightweight and simple sensing 
system for human movement to develop the pneumatic 
power assisted system and a compact driving system 
using the flexible pneumatic actuator which can be safe 
and lightweight enough to be attached to the human 
body. In this paper, we propose and test a skin 
displacement sensor using the flexible displacement 
sensor that can know the movement of the human arm 
without measuring the human joint angle directly. 
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STRING TYPE FLEXIBLE DISPLACEMNET 

SENSOR 

Construction and operating principle 

Figure 1 shows the construction of a tested string type 
flexible displacement sensor (we call it “FDS” for short). 
The sensor consists of two fixed electrodes (that is an 
anode and a cathode), a slide electrode and a nylon 
string coated with carbon (we call it “NSCC” for short). 
It works as a flexible potentiometer by sliding the slide 
electrode along NSCC while keeping the electrical 
contact. Therefore, the slider needs the function of 
keeping a stable electrical contact even if NSCC bends 
flexibly. 

Figure 1 Construction and view of the tested flexible 
displacement sensor 

Figure 2 shows the inner construction of the slide 
electrode. The slider consists of a brass cylinder that is 
filled with carbon black powder. The each side of the 
slider has a rubber sheet, a rubber packing and a plastic 
cover to keep a sealing.  The slider is penetrated with a 
NSCC.  By this construction, the slider can keep a 
stable electrical contact between the slider and NSCC. 
The carbon black powder prevents the wear of NSCC 
because it works as balls of a slide bearing. The tested 
flexible sensor can realize a longer measurement range 
than a conductive rubber displacement sensor [2]. The 
user can easily change a measurement range of the 
sensor. 

Figure 2 Inner construction of the slide electrode 

Characteristics of the tested sensor 

Figure 3 shows the relation between displacement and 
electric resistance of the sensor.  We can see that the 
resistance of the sensor is proportional to the 
displacement between two electrodes. We also find little 
hysteresis in experimental results using the tested slide 
electrode even if one end of NSCC is not fixed on a 
table.  It means that there is less friction between the 
tested slider and the NSCC.

Figure 3 Relation between displacement and resistance 
of the tested sensor 

In such a kind of the slide electrode including the 
carbon black powder in it, the leakage of the powder 
from the electrode chamber might become the problem 
of durability. We investigated the durability of the tested 
sensor.  Figure 4 shows the relation between the 
number of repetition of sliding and the output voltage of 
the sensor.  In the experiment of endurance test, the 
slide electrode is driven by the pneumatic cylinder that 
makes the slide electrode move for the distance of 30 
mm within 0.3 seconds. In every 100,000 times sliding, 
the output voltage from the tested sensor in both points 
of maximum and minimum stroke of the pneumatic 
cylinder was measured.  In Fig.4, each line shows the 
average of the measured output voltage of the sensor in 
each position.  The vertical line shows the scatter of 
the measured data.  
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Figure 4 Experimental results for endurance test 
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We can see that the output voltage of the sensor does not 
change in the both position even if one million times 
sliding was applied to the sensor. It means that the 
tested sensor has good durability. In the experiment, we 
also found little leakage of carbon black powder from 
the slide electrode.  Through the endurance test, we 
found that the sensor was able to be used even if the 
carbon powder was not filled in it. 

POSITION CONTROL OF ARTIFICIAL MUSCLE  

Position sensing of artificial muscle 

As an application of the tested string type flexible 
displacement sensor to the sensing of robot actuator, we 
proposed and tested a position sensing system of a 
McKibben artificial muscle using the tested sensor.  
Figure 5 shows the relation between the displacement of 
the McKibben artificial muscle and the output voltage 
of the attached flexible displacement sensor.  In 
addition, we apply a unique measurement method that 
the sensor can measure the whole displacement of the 
actuator by measuring a part of it. The setting position 
of the sensor in the actuator is parallel to the 
longitudinal direction of the surface of the actuator. The 
sensor connected with the actuator is shown in upper 
photograph in Fig.5.  Also, the distance between a 
fixed electrode and slide electrode was set by 14 mm by 
considering the movement range of the slider for a 
supply pressure (from 0 to 500kPa).  From Fig. 5, we 
can see that a linear relationship is established between 
the displacement of the artificial muscle and sensor 
output voltage.  The correlation coefficient is 0.998.  
We can confirm that the whole displacement of the 
actuator is measured by measuring a part of it using the 
proposed method and the tested sensor. 

Figure 5 Relation between displacement of artificial   
muscle and output voltage of sensor 

Compact position control system of artificial muscle 

Figure 6 (a) and (b) show the construction and the 
schematic diagram of the position control system of the 
artificial muscle with the flexible displacement sensor, 
respectively. In Fig.6 (a), the system consists of a 
potentiometer to give the desired position, a 
microcomputer (Renesas Technology Co. Ltd.. 
H8/3664) , a Mckibben artificial muscle (FESTO Co. 
Ltd. MAS-10) with the tested flexible sensor and two 
on/off control valves (KOGANEI Co. Ltd. G010HE-1).  
The suction and exhaust valves are connected in series 
as shown in Fig.6.  The position control of the actuator 
is done as follows. First, the microcomputer gets the 
voltage from the tested sensor and the reference voltage 
through a 10 bit A/D converter in the microcomputer. In 
operation, the microcomputer drives the suction or 
exhaust valves through the transistors according to the 
deviation from the desired position. When the deviation 
exists within a certain range, both valves are turned off. 
In the case when the deviation is larger, the suction 
valve is turned on and the exhaust valve is turned off. In 
other cases, both valves are driven so as to become the 
opposite state of the previous case.  

(a) Construction of control system 

(b) Schematic diagram of control system 

Figure 6 Position control system using artificial muscle 
and skin displacement sensor 
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Figure 7 shows the transient response of the 
displacement of McKibben actuator. In Fig.7, each blue 
and red line show output voltages from potentiometer 
for desired position and the flexible sensor, respectively. 
From Fig.7, we can see a vibration of the actuator 
occurred in the range of smaller displacement because 
of the control using on/off valves. As a whole, it can be 
considered that the movement of actuator can trace well 
the desired position even if a simple control method 
such as on/off control is used. In addition, we can 
confirm that the dynamics of tested flexible sensor is 
very fast so as to measure the vibration of the actuator. 

Figure 7 Transient response of displacement of the 
artificial muscle using tested control system 

SKIN DISPLACEMENT SENSOR  

Construction and operating principle 

It is very useful to measure the movement of human 
body such as a joint angle indirectly. It is because that 
such a sensing system does not prevent the human 
motion and an easy sensor configuration at the point of 
moving part of human such as a joint. When the human 
body moves, the muscle also moves. At the same time, 
the skin covering the muscle moves.  Therefore, we 
propose and test a skin displacement sensor.  Figure 8 
shows the construction of the skin displacement sensor.  
The upper photograph in Fig.8 shows the general view 
of tested sensor.  The lower photograph shows the 
view in the case when the sensor is pasted on the human 
arm.  The sensor consists of the FDS set on a flexible 
plastic sheet that has bellows and an electric circuit 
pattern using the conductive paint.  The middle figure 
in Fig.8 shows the electric circuit of the sensor.  The 
electric input and output line are gathered in one end of 
the sensor.  Each end of the FDS is connected with a 
power supply and GND line.  The slide electrode is 
connected with the sensor output line.  The operating 
principle of the sensor is as follows.  First, the both 
end of the sensor as shown in the lower photograph in 
Fig.8 are pasted on the human skin as a sticking plaster.  

When the body and skin moves, the distance between 
both pasting points of the sensor is changed. This 
change causes the pulling and pushing force acted on 
one end of the FDS.  By this method, the sensor 
measures the displacement of the skin. 

Figure 8 Construction of the skin displacement sensor 

Sensing for human motion using skin displacement 

sensor 

Figure 9 shows the experimental setup using the skin 
displacement senor.  The equipment consists of the 
sensor pasted on the human arm and a voltmeter to 
measure the output voltage from the sensor.  In the 
experiment, we measure the bending angle of the elbow 
by taking photographs of the posture of the elbow and 
the output voltage of the sensor.  

Figure 9 Experimental setup for the tested sensor 

As a pasting point of the sensor, we select the skin over 
the muscle that is related to drive the elbow such as a 
biceps brachii, a brachialis, a brachioradialis and a 
triceps brachii as shown in Fig.10. 
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Figure 10 Muscles which are related to  
drive the elbow [4] 

Figure 11 (a) and (b) show the measuring results when 
the sensor is pasted on the skin over the biceps muscle 
parallel and vertically to the muscle, respectively.  
Figure 11 (c) and (d) show the results when the sensor is 
pasted over the brachioradialis muscle vertically and 
parallel to the muscle, respectively. Figure 11 (e) shows 
the case when the sensor is pasted on the forearm 
muscle in diagonal direction.  Each small illustration in 
Fig. 11 shows the pasting point of the skin displacement 
sensor.  Each graph in Fig.11 shows the relation 
between the bending angle of the elbow and the output 
voltage of the sensor.  From Fig.11, we can see that the 
relation between the bending angle of the elbow and 
output voltage of the sensor is almost linear in all cases.  
Each gradient of solid line in the graph shows the 
sensitivity between the sensor output voltage and the 
bending angle of the elbow.  The increasing and 
decreasing of the output voltage according to the 
bending angle in each figure mean that the extended and 
contracted force are applied to the skin displacement 
sensor, respectively.  As an estimation of the optimal 
pasting position of the sensor, Table 1 shows the 
correlation coefficient and the differential output 
voltage of the sensor when the elbow angle changes 
from 0 to 90 deg.  From Table 1, we can see that the 
case when the sensor is pasted vertically over the biceps 
brachii muscle as shown in Fig.11 (a) is superior than 
other cases because of the higher correlation coefficient 
(that is -0.957) and the larger output voltage (that is 
1.607 volts) for bending.  The value of -0.957 in the 
coefficients of correlation means that the relationship 
between the skin displacement and bending angle of the 
elbow measured by the tested skin displacement sensor 
is almost linear.  As a result of these trials, we can say 
that the tested skin displacement sensor has a possibility 
of indirect measurement of human motion. 

(a) Biceps brachii (parallel direction

(b) Biceps brachii vertical direction
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(d) Brachioradialis vertical direction
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Figure 11 Relation between bending angle of the elbow 
and output voltage of the skin sensor 
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Table 1 Estimation for pasting point 

Pasting point 
Correlation
coefficient 

Differential 
voltage (V)

Biceps brachii 
(parallel direction

-0.9565  1.607 

Biceps brachii 
vertical direction

0.8693  0.431 

Brachioradialis 
parallel direction

-0.8846  1.167 

Brachioradialis 
vertical direction

0.2213  0.341 

Forearm 
(diagonal direction

-0.8259  0.440 

CONCLUSIONS  

This study for developing a wearable flexible sensor can 
be summarized as follows.  

1) We proposed and tested a new type of flexible 
displacement sensor using nylon string coated with 
carbon. We also proposed and tested a small sized 
pressure control system to drive a McKibben 
actuator using on/off valves. As a result, we 
confirmed that the tested sensor was useful to apply 
to the position control system using the McKibben 
actuator because of its compact configuration of 
sensor and actuator so as not to lose the flexibility 
of the actuator.  

2) We also proposed and tested the skin displacement 
sensor that can measure the human motion such as 
a joint movement indirectly.  As a result of 
measuring the elbow angle, we can confirm that the 
tested skin displacement sensor has a possibility of 
indirect measurement of human motion. 

In our future work, we are going to develop an 
intelligent skin displacement sensor that has a function 
of electromyogram as an interface between humans and 
machines in order to develop the pneumatic power 
assisted system. 
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ABSTRACT 

A sound operated directional control valve (SODC-Valve) is proposed which opens and closes in response to the sound 
of a specific frequency propagated inside the gas supply tube and therefore needs no electric wiring to convey the 
control signals. By using multi-frequency sound, several valves can be controlled simultaneously and resultantly the 
pneumatic multi-degree wearable system can be constructed compactly. Firstly, the sound-gas pressure converter is 
proposed and improved so that self-excited vibration can be suppressed. Secondly, the basic characteristic of the 
sound-gas pressure converter is investigated to show that the back pressure is different depending on whether the sound 
of specific frequency is added or not. Furthermore, a pilot valve is developed. Because the pilot pressure change of the 
pilot valve developed is only 20kPa, a main valve is proposed and developed. Finally, a pneumatic 
multi-degree-of-freedom wearable power-assist system is constructed by using a Dry Ice Power Cell as the portable gas 
supply, wearable actuators developed in the previous study, and two sound operated directional control valves 
developed. Experimental results show that the sound operated directional control valve is feasible and practical in the 
pneumatic multi-degree-of-freedom wearable system. 

KEY WORDS  

Pneumatic, wearable, sound-operated, valve, resonance 

NOMENCLATURE 

pn   :    Back pressure of nozzle [kPa] 
pn  :    Change of back pressure of nozzle [kPa] 

ps   :    Supply pressure [kPa] 
x   :    Space between nozzle and head [mm] 
y   :    Displacement of center of head from  

center of nozzle [mm] 
z   :    Wave length of sound [mm] 

INTRODUCTION 

Pneumatic power assist multi-degree-of-freedom 
wearable system has been developed by many 
researchers. But in most of the traditional pneumatic 
systems, their focuses are concentrated on the 
development of actuators [1] [2]. Few of them are 
argued about wearable power supply sources or valves. 
Therefore, there exist the problems when the pneumatic 
systems are used for wearable power assist. For 
example, the tubes and electrical cords connected 
between the actuators and valves are troublesome. In 
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this paper, a novel valve called Sound Operated 
Directional Control Valve (SODC-Valve) is developed. 
The SODC-Valve opens and closes in response to the 
sound of a specified frequency propagated inside the gas 
supply tube and therefore needs no electric wiring to 
convey the control signal for the valve. By using 
multi-frequency sound, several valves can be controlled 
simultaneously. Using the previously developed Dry-ice 
Power Cell [3] as power supply, the SODC-Valve is 
expected to be used in pneumatic power assist 
wearable system. 

In this paper, firstly, the sound-gas pressure 
converter is proposed and improved so that self-excited 
vibration can be suppressed. Secondly, the basic 
characteristic of the sound-gas pressure converter is 
investigated to verify that the back pressure is different 
depending on whether the sound of specific frequency is 
added or not. Furthermore, a pilot valve of the sound 
operated directional control valve is developed. Because 
the pilot pressure change of the pilot valve developed is 
only 20kPa, a main valve is proposed and developed. 
Finally, a pneumatic multi-degree-of-freedom wearable 
system is constructed by using Dry Ice Power Cell as 
the portable gas supply, wearable actuators developed in 
the previous study, and two SODC-Valves developed. 
Experimental results verify that the sound operated 
directional control valves are feasible and practical in 
pneumatic multi-degree-of-freedom wearable power 
assist system. 

SOUND-GAS PRESSURE CONVERTER

The SODC-Valve opens and closes in response to 
the specified frequency sound propagated inside the gas 
supply tube. If several SODC-Valves are set along the 
supply tube as shown in figure 1, several actuators can 
be controlled with the valves simultaneously by adding 
sound of each valve’s resonance frequency into the 
supply tube. 

SODC-
Valve
(92Hz)

Pneumatic
actuator

Sound &
Supply gas

SODC-
Valve
(95Hz)

Pneumatic
actuator

SODC-
Valve
(98Hz)

Pneumatic
actuator

Figure 1 Schematic of multi SODC-Valves system 

As the kernel-element of the SODC-Valve, the 
Sound-Gas Pressure Converter is developed to convert 
the sound into change of pressure. For convenience, the 
Sound-Gas Pressure Converter is called S-P Converter. 
The S-P Converter consists of a nozzle and a vibration 
element, as shown in figure 2. And the vibration 
element consists of a mass called head and leaf spring, 
as shown in figure 3. The head is adjusted to be as close 
to the nozzle as possible without touching the nozzle. 

Resultantly, the leakage from the nozzle is small when 
the head stands still. If the head of the vibration element 
responses to the specified frequency sound in the supply 
tube and resonates near the nozzle in the arrow direction 
shown in figure 2, the effective area of flow path out 
from the nozzle to the atmosphere becomes larger and 
then the flow rate out from the nozzle becomes larger. 
As a result, the back pressure pn in figure 2 falls down. 
In one word, if sound is added to the S-P Converter, the 
head resonates and the back pressure pn changes 
(become smaller). In this paper, the change of the back 
pressure pn is used to make the SODC-Valve open and 
close.

ps

pn

Variable
restriction

Sound-Gas
Pressure Converter

Sound

x

z
Head

Nozzle
y

Leaf spring

Figure 2 Concept of S-P Converter 
Head

Leaf
spring

Fixed
base

Figure 3 Vibration element 

The developed S-P Converter has a resonance 
frequency of 98Hz. The diameter of the nozzle is 0.5mm, 
the same with width of the head. The length of the leaf 
spring is 25mm. The mass of the head is 0.029g. 
Because the mass is set at the end of the leaf spring, the 
base mode resonance vibration has larger amplitude and 
the influence of the higher mode can be neglected. 

In order to investigate the vibration characteristics 
of the vibration element, sound of a specified frequency 
is added near the vibration element at the atmosphere. 
As shown in figure 5, when the frequency of the sound 
is equal to the resonance frequency of 98Hz, the 
amplitude of the head reaches the maximum of 1.5mm. 
If the frequency is set apart from 98Hz with over 1Hz, 
the amplitude becomes half of the maximum. By using 
this characteristic, several S-P Converters with different 
resonance frequency can be controlled simultaneously. 

SELF-EXCITED VIBRATION

In order to investigate the characteristics of the S-P 
Converter when supply pressure is added, experiments 
using circuit shown in figure 2 are conducted. The 
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phenomenon of self-excited vibration arises when the 
supply pressure is added without any sound. When the 
supply pressure is raised up to 10~20kPa, self-excited 
vibration starts even though the sound is not added. 
Once the self-excited vibration starts, it will not stop 
until the supply pressure is lowered down to about 0kPa. 
If measures are not taken to solve the self-excited 
vibration problem, development of SODC-Valve is 
impossible. 

Two methods are found to prevent the self-excited 
vibration through trial and error. The first one is 
introducing the overlap to the head in y direction (i.e. 
vibration direction) which means that the width of the 
head is larger than the diameter of the nozzle. The 
second one is introducing the underlap to the head in z
direction (i.e. vertical to vibration direction) which 
means that the nozzle protrudes from the end of the 
head. The S-P Converter initially developed is adjusted 
to be zerolap in y direction which means that the 
diameter of the nozzle is the same with width of the 
head in order to obtain a larger effective area change of 
the nozzle when the head resonates. Because of the 
self-excited vibration, an overlap in y direction and an 
underlap in z direction are necessary. In y direction, if 
width of the head is set with 1.2mm which is larger than 
the diameter of nozzle 0.5mm, in other words, if overlap 
of 0.35mm is set on both side of the head as shown in 
figure 4(b), the self-excited vibration does not arise 
even though the back pressure is raised up to 100kPa in 
the experiments. It should be mentioned that the overlap 
should be adjusted to be the minimum. If the overlap is 
too large, the change of the effective area of the nozzle 
will become too small. However, the overlap in y
direction is not enough. If the sound or disturbance is 
added, the self-excited vibration will continue unless the 
back pressure is lowered down to 0kPa even if the 
overlap is adjusted to very large. 

As regards to z direction, the relative position of the 
nozzle to the head can be adjusted so that the 
relationship between the nozzle and the head can be 
change from overlap to zerolap and underlap as shown 
in figure 5. 

Zerolap Overlap

Nozzle
Head

Leaf spring

(a) y-zerolap     (b) y-overlap 
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(c) z-overlap  (d) z-zerolap   (e) z-underlap 
Figure 4 Suppression methods of self-excited vibration 

 (a) Overlap(z<0) (b) Zerolap (z=0) (c) Underlap (z>0)
Figure 5 Photos of relative position of head and nozzle 

In case of overlap in z direction as initially adjusted 
to suppress the leakage, the back pressure falls when the 
98Hz sound is added. But the vibration turns into the 
self-excited vibration even if the sound is stopped. It is 
interesting that if the nozzle is raised up and reaches the 
position of underlap, the self-excited vibration stops and 
again the back pressure jumps up. Under the condition 
of underlap, the head responses to the 98Hz sound to 
resonate and stops without any self-excited vibration 
when the sound is stopped. In one word, the back 
pressure is controllable by the 98Hz sound. 

-0.2 -0.1 0.0 0.1 0.2 0.3 0.4 0.5 0.6
0

10

20

30

40

50

Unstable

D

CB

A

x=0.05mm

 No vibration
 Self-excited vibration

z [mm]

Stable

(Self-excited
vibration)

p n [k
Pa

]

Figure 6 pn -z characteristic curve 
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Figure 7 pn of S-P Converter 

In order to investigate the best underlap of z
direction, experiment is conducted. The vibration of the 
head is investigated when disturbance (i.e. touching the 
head ) is added or not. The supply pressure is set as 
400kPa and the sound is not added. The result is shown 
in figure 6. The solid line is the result when no 
disturbance is added. The position of the nozzle is 
adjusted from overlap to zerolap and underlap. The back 
pressure falls down from the position of zerolap. The 

435 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



fall of pressure is due to the increment of the effective 
area and not due to vibration. On the other hand, the 
dashline is the result when disturbance is added at the 
point A. Because at the point A the position of nozzle is 
overlap, the disturbance triggers the self-excited 
vibration of the head to start immediately and the back 
pressure to fall down to B point. If the nozzle is raised 
continuously, from point C the back pressure jumps up 
again to reach D where z is 0.3mm (i.e. underlap) and 
the back pressure is the biggest and the self-excited 
vibration stops. After point D, the dash line follows the 
solid line. From the result, it is clear that the position of 
the nozzle z must be bigger than 0.3mm to ensure that 
the nozzle is in underlap to suppress the self-excited 
vibration. On the other hand, it is desired that the 
underlap of z is set to be as smaller as possible so that 
change of effective area of nozzle and the back pressure 
is big. Therefore, z should be adjusted to be as near D 
point as possible. 

Using the S-P Converter as shown in figure 2 with 
the interval x between nozzle and head adjusted to 
0.05mm, overlap on both side of the head in y direction 
adjusted to 0.35mm and overlap in z direction adjusted 
to 0.05mm, experiments are conducted. The supply 
pressure is arranged with 4 conditions and under each 
condition the back pressure is investigated. In the 
preparation, the back pressure is tuned using the 
adjustable orifice shown in Figure 2 without any sound. 
The change of back pressure before and after the sound 
of 98Hz is added is shown in figure 7. From the results, 
it is clear that when the supply pressure is set as 400kPa, 
the back pressure changes from 35kPa when the head 
does not resonate to 12kPa when the head resonates. 
Therefore, it is concluded that the maximum change of 
back pressure is about 20 kPa in the developed S-P 
Converter. Absolutely speaking, the change of 20kPa is 
small, but it is big enough to drive a pilot valve to 
control an actuator. 

PILOT VALVE AND EXPERIMENTS

The developed pilot valve is shown in figure 8. In 
figure 2, the sound is added to the S-P Converter 
directly in the air with the sound source placed very 
close to the head. But in the proposed SODC-Valve, it is 
required that the sound is conveyed by the supply tube. 
That means the head in figure 2 must be inserted inside 
the supply tube. It is clear that the S-P Converter in 
figure 2 can not be applied directly to a SODC-Valve. 
This problem is solved by introducing another vibration 
head. As shown in figure 8(a), the leaf spring stretches 
to both side of the fixing part with two heads attached at 
the end to compose two vibration elements. One is 
called resonance vibration element and the other is 
called flapped vibration element. Their heads are called 
resonance head and flapper head. The flapper vibration 
element is at atmosphere while the resonance vibration 

element is inserted in the supply tube filled with the 
sound. The resonance vibration element is adjusted with 
the vibration direction being along with the sound 
propagation direction to realize a large resonance 
vibration amplitude. The resonance vibration of the 
resonance vibration element is propagated through the 
leaf spring to the flapper vibration element. The 
resonance frequencies of the resonance vibration 
element and flapper vibration element are adjusted to be 
the same. From figure 8(b), the developed pilot has two 
parts. The upper part is consisted of flapper vibration 
element and nozzle, while the lower part is consisted of 
the resonance vibration element which is inserted into 
the supply tube with joint. 

Resonance
head

Fixed
base

Elasticity
adhesive

Flapper
Vibration

object

Flapper
head

Resonance
Vibration

object

Leaf
spring

Sound &
Supply gas

pn Main
valve

Pneumatic
actuator

Pilot
valve

Tube

Fixed
base

(a) Concept 
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23
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(b) Schematic diagram 
Figure 8 Pilot valve 

Experiments are conducted to investigate the 
developed pilot valve using the circuit shown in figure 9. 
The supply pressure is arranged with 4 conditions and 
under each condition the back pressure is investigated. 
Dry-ice Power Cell is used as the power supply. From 
the results of figure 10, it is clear that when the supply 
pressure is set as 420kPa, the back pressure has a 
change of 20 kPa in the developed S-P Converter and is 
about the same as the results shown in figure 7. By 
selecting a large area, back pressure change of 20kPa in 
the pilot valve is able to drive a main valve. 
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Figure 9 Pilot valve experimental circuit 
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 (b) Response of pilot valve turning “OFF” 

Figure 11 Step response of pilot valve 

The step response of the pilot valve is investigated. 
From figure 11(a), the time lag of the back pressure is 
about 200ms, which means the interval from the time 
sound is added to the time when the back pressure rises 
to 50% of its maximum value. On the other hand, from 
figure 11(b), the time lag of the back pressure is 220ms, 
which means the interval from the time sound is stopped 
to the time when the back pressure falls to 50% of its 
maximum value. Two time lags are almost the same. 

MAIN VALVE 

The pilot pressure is about 20kPa and very small 
compared with supply pressure. A main valve is 
developed which can be driven by the 20kPa pilot 

pressure change. For convenience, a three port main 
valve is developed in this paper instead of a two port 
main valve. The schematic of main valve is shown in 
figure 12 and cross-sectional view is shown in figure 13. 
The diaphragm is fixed to the poppet so that the pilot 
pressure can drive the poppet directly. The spring force 
of the diaphragm is very small and can be neglected. 
The forces acts on the main valve can be described as 
the force of pilot pressure, spring force and force of 
supply pressure. When the pilot valve is OFF, the pilot 
pressure jumps up to its maximum and the sum of the 
spring force and the force of pilot pressure becomes 
bigger than the force of supply pressure. Resultantly, 
supply pressure port P is closed and port A is opened to 
the air through port R. When the pilot valve is ON, the 
pilot pressure falls down to its minimum and the force 
of supply pressure becomes bigger than the sum of the 
spring force and the force of pilot pressure. Resultantly, 
supply pressure port P is opened to port A and port R is 
closed. The main valve can be controlled by the pilot 
pressure without any influence of supply pressure. 

The room above the diaphragm is the pilot room 
while the room below the diaphragm is open to the air. 
The stroke of the main poppet is about 0.5mm. When 
the O ring attached to the main poppet is pushed down 
to the valve seat, port A is connected to port R. When 
the O ring is pushed up to the valve seat, port A is 
connected to port P. 

(a) valve OFF       (b) valve ON 
Figure 12 Schematic diagram of the main valve 
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Figure 13 Cross-sectional view of the main valve 
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SODC VALVE

The SODC valve is shown in figure 14 and is 
composed of the developed pilot valve and main valve. 
The goal of this study is to construct a pneumatic 
multi-degree wearable system. In this study, two SODC 
valves are developed. The picture of two SDOC valves 
with resonance frequency of 96Hz and 98Hz are shown 
in figure 15. Using Dry Ice Power Cell as power supply, 
wearable actuators developed in previous study and two 
SODC valves, a novel pneumatic multi-degree wearable 
system is realized. As shown in figure 16, there is no 
cord connected to the valves. The actuators used are 
Tail-Wrist and Fit-band [2]. 
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Figure 14 SODC-Valve 
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Fig.15 Photo of assembled SODC-Valves 
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Fig.17 Photos of two wearable actuators driven by 
SODC valves 

In figure 17, the SODC valve with 96 Hz resonance 
frequency opens from 4s-6s, while the SODC valve 
with 98 Hz resonance frequency opens from 2s-8s. The 
two SODC valves can be controlled by sound 
simultaneously to drive two actuators. 

CONCLUSIONS

   In this paper, a sound operated directional control 
valve (SODC-Valve) is proposed which opens and 
closes in response to the sound of a specific frequency 
propagated inside the gas supply tube and therefore 
needs no electric wiring to convey the control signals. 
By using multi-frequency sound, several valves can be 
controlled simultaneously and resultantly the pneumatic 
multi-degree wearable system can be constructed 
compactly. Experimental results verify that the sound 
operated directional control valves are feasible and 
practical in pneumatic multi-degree-of-freedom 
wearable power assist system. 
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ABSTRACT 

The purpose of this research is simplifying and downsizing of pneumatic system consisting of many pneumatic 
actuators. For this purpose a new method of multiplex pneumatic transmission for multi-pneumatic servo system is 
proposed. The pneumatic valve for this system has a simple structure consisting of two vibrators supported by springs. 
The working principle of the valve is based on vibrator resonance caused by multiplex pneumatic vibration in air supply 
line and this makes the valve work as an ON/OFF valve without electric wire or independent pneumatic tubes. Valve 
control needs superimposed only an air supply tube for its independent control, making this pneumatic system suitable 
for the system having many degrees of freedom.  
Two prototype valves have been developed to confirm the basic function and adapted to the pneumatic system 
consisting of two pneumatic cylinders. The prototype valve has been designed based on the result of a dynamic 
simulation and it was confirmed by basic experiments. In the experiment, the independent control for two pneumatic 
cylinders with prototype valves has been successfully realized. 

KEY WORDS  

Actuator, Pneumatic valve, Resonance 

INTRODUCTION 

A pneumatic actuator has several advantages, which are 
lightweight, low cost, high compliance, and reliability to 
humans. However, the system using pneumatic 
actuators is complicated in general with a compressor, 
control valves, and air tubes. Researches for downsizing 
of compressor and control valve have been actively 
studied [1]-[3]. Solving a lot of control wires to control 
valves is also studied [4].  
The purpose of this research is simplifying pneumatic 
system having many degrees of freedom. For this 
purpose we have proposed a new method of multiplex 

pneumatic transmission for the multi-pneumatic servo 
system [5]. The pneumatic valve for this system consists 
of two vibrators and springs. The working principle of 
the valve is based on vibrator resonance caused by 
multiplex pneumatic vibration. This valve works as an 
ON/OFF valve without electric wire but works just 
through one air supply line. This pneumatic system 
using the valve realizes independent control of valves 
with only air tubes. It is effective for the pneumatic 
system having many degrees of freedom.  
The basic working has been confirmed by dynamic 
simulation and vibration experiment using experimental 
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model [6]. The experimental model was designed based 
in the simulation and structure analysis. In this paper, a 
pneumatic experiment using the experimental model is 
described.  

WORKING   

Figure 1 shows the proposed system. This system is 
configured with multiplex pneumatic transmission, 
which consists of a PC, and a pressure servo valve. Each 
proposed valve has a deferent resonant frequency. This 
valve works as an ON/OFF valve by multiplex 
pneumatic transmission.  
For example, when the actuator 1 is requested to be 
driven it can be driven by superimposing air vibration of 
its resonant frequency in the air supply line. The 
actuator 2 is driven in the same way. When both 
actuators 1 and 2 will be needed for drive it can be 
achieved with an air vibration combined with two 
frequencies.  
The representative advantages of this system are 
follows; 

It can drive many independently actuator without 
electric wires. 
The structure of the valve is simple.  
This valve in the system can be configured only 
air tube to actuator.  

This system is effective to the system having many 
degrees of freedom.  

Figure 1 Multiplex pneumatic system 

EXPERIMENTS  

Valve 

Figure 2 shows an outer view of the experimental model 
for pneumatic valve used in this system. This valve is 
configured with two vibrators and rubber bellows and 
linear guide. The rubber bellows is designed using FEM 
to realize the desired spring constant. The resonant 
frequency is obtained using the mass and spring 
constant as shown in Eq. (1).  

m
k

n        (1) 

Figure 3 shows the working principle of the 
experimental model. These motions of the vibrators are 
caused by multiplex pneumatic vibration transmitted 
from port A. The supply air to the actuator flows 
through port B to port C. When the driving frequency of 
pressure from port A is at non-resonance frequency two 
vibrators move keeping their contact. Thus the pressure 
from port B is supplied to actuator through port C. 
When the driving frequency is resonance frequency two 
vibrators move in different ways to separate. The 
pressure of Pl2 from gap between left vibrator and 
L-shaped angle is increased. The supply pressure to 
actuator is decreased. In this way model works as an 
exhaust valve.  

Rubber bellows

Figure 2 Experimental model  

Figure 3 Principle of experimental model  

Experimental system 

Figure 4 shows the experimental system using two 
experimental valves. Table 1 shows the parameters of 
the experimental valves. The real values of resonant 
frequency are measured through basic experiment.  

Port A

Port B

Port C 

Vibrator

(a)

(a) (b)
(b) 

(c)
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The experiment is made for the pneumatic system for 
driving two double-acting cylinders. The supply 
pressure to double-acting cylinder is about 0.1 [MPa]. 
Two experiment models have deferent resonant 
frequency each other. One vibrator in made of stainless 
steel and the other is made of aluminum. The constant 
pressure of 50 [kPa] as back forces is supplied to right 
room of double-acting cylinder.  
The input signal to pressure servo system is controlled 
by a PC and a servo valve. Two experiment models are 
controlled independently with following four modes; 

[ mode A ] for driving cylinder A 
[ mode B ] for driving cylinder B 
[ mode C ] for non-driving both cylinders 
[ mode D ] for driving both cylinders 

   
Figure 4 Experiment system 

Table 1 Parameters of designed valves 
Valve 1 Valve 2 

Material stainless aluminum
Vibrator 

Mass 226 [g] 76 [g] 

Bellows Spring
constant 0.175 [N/mm] 

Theoretical 
value 4.4 [Hz] 7.6 [Hz] Resonance 

frequency Real value 6.2 [Hz] 11.8 [Hz] 

Results

Figures 5 show experimental results for driving two 
pneumatic cylinders. Equations (2), (3), and (4) show 
input pneumatic signals and motions of cylinders for 
modes A, B, and D respectively.  

0.44.62sin0.7 tf A       (2) 

0.42.82sin0.7 tf B       (3) 

0.34.62sin2.82sin5.3 ttf D (4) 

The experiment shows that the system works 
successfully: the cylinder A works independently for 
modes A and B, as shown in Figures 5 (a) and (b). Both 

cylinders work at the same time as shown in Figure 5 
(c) for mode D. It shows a great potential of new 
pneumatic control system.  
From the experiment, the response of pneumatic 
cylinder was confirmed each. The response speed is 
deferent for mode A and mode B as found in Figure 5 
(c). This results from deference of vibration amplitude 
of the valves.  

Servo valve Cylinder A 

(a) mode A 
Cylinder B 

(b) mode B 

(c) mode D  

Figures 5 Experimental results  
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CONCLUSION  

A new method of multiplex -pneumatic transmission has 
been proposed. This method realized great 
simplification of pneumatic system consisting of many 
actuators. A control valve for this pneumatic system is 
driven only through an air tube without electric wires. In 
this paper, experimental models was developed and 
adapted to pneumatic system. In this experiment, the 
independent driving of two pneumatic cylinders is 
realized. The principle of the proposed system was 
shown in this experiment.  
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ABSTRACT 

This paper deals with a technique of repeated positioning of a long stroke pneumatic cylinder. This system is suitable 
for a long stroke cylinder when the desired intermediate stop positions are fixed and the same operation may be 
repeated as in automatic production lines. The basic control algorism is a sequential on-off action of the air valves. For 
one desired position, three proximity switches are installed to detect the slider passing as well as its velocity. The main 
experimental result with a rod-less cylinder of 1000 mm stroke is that the control accuracy converged quickly within 
+/-0.2mm by a learning function.  

KEY WORDS  

Pneumatic, Cylinder, Positioning, Proximity switch, Learning 

INTRODUCTION 

This paper deals with a technique of repeated 
positioning of a long stroke pneumatic cylinder. This 
system is suitable for a long stroke cylinder when the 
desired intermediate stop positions are fixed and the 
same operation may be repeated as in automatic 
production lines. 
The design of an air servo system is not intended. 
Without constructing a feedback loop, it is possible to 
maintain the simplicity of the air positioning system. 
The basic control algorism is a sequential on-off action 
of directional air valves. There is a fact that a clear 
relationship exists between the slider velocity and its 
braking distance with a strong braking [1]. For one 
desired position, three proximity switches are installed 

to detect the slider passing as well as its velocity. After 
passing the first switch the slider is weakly decelerated, 
and after passing the second switch it is strongly 
decelerated. The third switch is installed to detect the 
final positioning result which is used in the next run by 
a learning scheme [2]. Another switch is also installed to 
confirm the slider return to the starting point. 
As a matter of course, the positioning accuracy depends 
strongly on the frictional condition. There is another 
factor such as the load or the setting direction of the 
cylinder. In the experiment, the cylinder was set in 
vertical direction to reveal the effect of the slider load. 
A high positioning accuracy can not be expected 
without a feedback loop. Our final goal is that the stop 
position converges to the desired region in several 
operations and that the accuracy can be kept after that. 
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Figure 1 Experimental circuit  

Figure 2 Deviation of the stop position 

EXPERIMENTAL APPARATUS AND THE 

POSITIONING METHOD 

Pneumatic circuit 

The outline of experimental apparatus is shown in Fig. 1. 
The cylinder is installed vertically on the wall in a 
laboratory. The cylinder is of a rod less magnet type and 
has a stroke of 1000mm in length and a bore of 40mm 
in diameter. 
Four proximity switches are installed. SW1, SW2, SW3 
are used for motion control, and SW0 is used only for 
detecting the return of the slider to the starting point 
(not shown in the figure). 
For the cylinder positioning, we propose a two-stage 
braking method, which will be described later in detail. 
In this method, a weak braking and a strong braking are 
applied in sequence. 
At the first stage, weak braking is applied, and strong 
braking is applied in the second stage. To apply the  

Figure 3 Optimum velocity to start applying the strong 
braking 

weak braking, the valve I is kept on connecting to 
supply port and only the valve II is closed. To apply 
strong braking, the valve I is still kept on connecting to 
the supply port and the valve II is switched to the supply 
port. 
To perform this sequence smoothly, two 3-position 
5-port valves are utilized for changing the air flow.  
Fluctuations of the stop position 

It is a necessary condition for our method that 
fluctuations of stop position are small even when the 
two-stage positioning is not applied. 
Fig.2 shows the result of the slider stop position in a 
case that the strong braking was applied simultaneously 
when it passed through the SW2. The cases of 1, 2, 3 
mean that the SW2 passage velocity was changed by the 
timing of weak braking after passing of the SW1.  
The experiments were done continuously 30 times 
respectively. This figure indicates that during the 
prolonged operations, the fluctuation in every 
successive two trials is only about 0.1mm. This amount 
is small and is not a problem because it can be corrected 
during the operation. Therefore, the possibility to 
continuing the operation with maintaining accuracy was 
confirmed. 
Furthermore, Fig.3 shows the relationship between the 
velocity that the strong braking was started to apply and 
the deviation of the braking distance. The axis of 
ordinate is not showing the stop position but the 
deviation width of the stop positions. One dot indicates 
deviation width in twenty times operation conducted. 
In this experiment, the SW2 passage velocity was also 
changed due to the weak braking applied at the SW1. 
There is an optimal velocity when the braking should be 
started to apply, and it was about 100mm/s in this case. 
Even if it loaded a mass of 3kg, there is no difference in 
the optimum value. 
When the same cylinder was installed in horizontal 
direction, the value showed 220 - 250 mm/s [1,2]. 

Potentiometer Valve II

SW3 A B C
-com SW2 

Valve I 

ABC
SW1 
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T1

T1'

          Figure 4 Two-stage braking 

Figure 5 Shifting of the sensing position 

Positioning method

The outline of the two-stage braking method is shown in 
Fig. 4. At first, the timer length T1 to start applying the 
weak braking is determined based on the passage 
velocity on the SW1, so that the slider velocity might 
become the above-mentioned optimal value at the SW2. 
Next, the timer length T2 to start applying the strong 
braking is calculated depending on the detected passage 
velocity on the SW2 so as to stop the slider at the 
desired position. 
Fig. 5 explains the role of the SW3 equipped in order to 
check the final stop position. It is impossible to detect 
the stop position in accuracy of 0.1mm because sensing 
width of an ordinary proximity switch is 3-4mm. 
Therefore, a small coil was added to the side of the 
switch to affect the neighboring magnetic field. The 
sensing position was shifted about 0.12mm as shown in 
Fig.5. The hysteresis width of the sensor was also used. 
The hysteresis and sensing positions of the tested 
proximity switch when the coil current is turned off and 
on are illustrated in Fig.5. By turning the coil current off  

   Figure 6 Convergence of the stop position  
       
and on, the sensing field is divided into 4 regions, A, B, 
C, D. The boundary of B and C in the figure was 
determined as the target position. 
In each operation, the detected data are used to update 
the control parameters of the timer T2 by a learning 
algorism. In an ideal condition, the slider stops in very 
narrow region near the boundary of B and C, and every 
stop position falls into B and C region alternately. 

EXPERIMENTS OF REPEATED POSITIONING 

Setting of timer T1 and T2 

The equations to obtain the timer length T1 and T2 are 
as follows; 

111_11 cbCountaT               (1) 
ycbCountaT 221_22       (2) 

where are constants, and 
Count_1,Count_2 are the counted numbers in the 
program for the passage time on the SW1 and the 
SW2,respectively, and

2,2,2,1,1,1 cbacba

y is a quantity to be modified 
for the next operation.  
Although T1 and T2 need to be changed when the 
cylinder is modified from the horizontal to vertical 
direction or when another cylinder is used, the 
minimum change was tried; only the parameter c2 was 
readjusted from our experiences. When the parameter c2
was not changed, the controller could not deal with new 
direction of the cylinder. The value of c2 was estimated 
by preliminary experiments. 
For the check of the modifying process, the relation 
between the stop position and the timer length T2 was 
recorded. The feature of convergence of the stop 
position is shown in Fig.6. It converged after about 20 
times using the data of the position information on the 
SW3, as well as  and .1_Count 2_Count
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      Figure 7 Convergence of the timer length T2

Figure 8 Adjustment of 2a  an y  ( a ,d 32= y =48)

ig. 7 shows that T2 converged after about 50 times F
using the position information on the SW3. We will 
discuss later about 2a  and y . There is no necessity 
to change b1 and b becaus they are only used in 
checking if the 1_Count  or 2_Count  are too short. 
Fine Tuning of 2 

2 e

Timer T

2 rather than T1 leads to the 

sults of comparing the 

re 9 Adjustme  ( =4,

Fine tuning of the timer T
improvement in the positioning accuracy. It is because 
the distance between the SW3 and the stop position is as 
near as about 30mm. Since approximate values of 2a
and y  in equation (1) have been also obtained from 
preli ary experiments, here we will examine about 
the constant 2a . During the usual operation, the value 
of 2a  is fix  while the value of y is added or 
subtracted in every operation. 
Fig.8 and Fig.9 are the re

min

ed,

influence on the values of 2a  and y .
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EDUCTION OF INITIAL DEVIATION 

 this positioning method, the purpose to stop at a 

e less number of operations to converge is 

parameters was 2a =4 and y =32, accurate 
positioning was also d as shown i g.10. 

R

In
target position accurately from the beginning of 
operation is not expected, and we are satisfied if stop 
position can converge to the target position after several 
operations. 
However, th
the better. Because of it, a means to reduce the initial 
deviation should be considered. 
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Figure 13 Relation between and the stop position 
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   Figure 11 Relation between mass of load  
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2c
and SW2 secession time 

Figure 12 Effects of loaded mass on the stop position 

e initial deviation is largely caused by the value 

d r
 time and stop position 

 there is a time 

Since th
of 2c , an automatic adjustment of 2c  should bring a 
goo esult. 
SW0 secession

As an information factor to be defined,
length between the moments when the slider starts to 
move upward and when it secedes from the sensing 
range of SW0. T  is determined as this time length. 
Fig.11 shows the measured T  for various mass of 
loads. Acceleration will take nger time due to the 
increasing of mass of load. As a result, 

lo
T  becomes 

larger. 
By the difference of magnitude of load the initial stop 
position was changed as shown in Fig.12. It was 
predicted that the stop position will be ahead of the 
target position due to inertia but the result was opposite. 
This could be explained that the slider velocity became 
slower caused by the increasing load. After the second 
time, the stop position converged by this 2: cT
adjustment scheme. 
Adjustment of T2 by SW0 secession time 

y by the The cause of deviation cannot be specified onl
value of T . The change factors are not only the load 
but also th supply pressure, and they effect in opposite  e 

   Figure 14 Adjustment of c2 with no load  
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re
pressure is assumed to be known and a scheme will be 
investigated to rectify the initial deviation owing to the 
change of load. 
Fig.13 shows th
positions. This was obtained by repeated experiments 
when the value of 2c  in T2 was varied, and only each 
first positioning was easured and plotted. 
Here, using Fig.11 and Fig.13, we c
approximate first-order equation relating T  and 2c .
Our attempt is to adjust 2c  using T  only at the fi t 
operation. After the seco  operatio the stop position 
will converge by modifying T2 with y .
Fig.14 indicates the effect of 2c  adjustm

rs
nd n,

ent with no 
load condition. In the figure, "Manual" means that 2c
was adjusted from experience, and "Self-adjustment" 
means that it was adjusted automatically using the first 
value of T . On the other hand, "Fixed" means that 

2c  was set without consideration of the operating 
dition. Although there is still deviation at the first 

time even when using the self adjustment, the 
positioning was improved in number of times to 
converge as compared to Fig.6-Fig.10. 

con
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     Figure 16 Effect of the self-adjustment of 

) The technique of decreasing the initial deviation 

 work is to improve the system performance 
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ABSTRACT 

This paper presents pressure control method using the electro-pneumatic regulator with two multilayered PZT valves. 
An electro-pneumatic regulator is a type of pressure control valve that is a combination of a poppet valve for main 
pressure control, two multilayered PZT valves for pilot pressure control, a microprocessor with a feedback controller 
and a pressure sensor. The benefits of bender type PZT actuator are faster response times, low energy consumption, and 
the ability to be used in hazardous environments and field bus systems. Solenoid actuator for electro-pneumatic 
regulator is widely used but this actuator has a high power consumption characteristics. So PZT actuator is required for 
the energy saving. 
In this study, a multilayered bender type PZT actuator of 27.0 mm(L)×9.0 mm(W)×0.8 (mm) with a constant of 220e-12 
m/V and 20 sheets of PZT thin film was fabricated and experimented. The experiments for On-Off control and 
PID-PWM control of the electro-pneumatic regulator were operated under the input condition of 0.5 MPa. From the 
experiments, the performance characteristics of the fabricated electro-pneumatic regulator were evaluated. A new 
control method for precise proportional pressure control using the electro-pneumatic regulator with two PZT valves was 
suggested. Using this suggested model, all possible operating conditions were analyzed. 

KEY WORDS  

electro-pneumatic regulator, pressure control, PZT actuator, microvalve, PID-PWM control 

INTRODUCTION 

The benefits of the pneumatic valve with bimorph type 
piezoelectric actuator are faster response times, low 
energy consumption, and the ability to be used in 
hazardous environments and field bus systems [1]. 
However, the PZT actuator has hysteresis nonlinearity 
due to the ferroelectric characteristics of the PZT 
elements [2, 3]. This causes problems in the pressure 
control characteristics and deteriorates the performance 
of the system [4, 5]. In order to overcome the 

abovementioned problem, the methods of a PZT 
actuator performance improvement and a 
electro-pneumatic regulator(E-P regulator) using two 
PZT microvalves have been studied[6, 7]. 
In this study, a multilayered bender type PZT actuator of 
27.0mm(L)×9.0mm(W)×0.8mm(t) with a constant of 
220e-12m/V and 20 sheets of PZT thin film was 
fabricated and experimented. The maximum operating 
force of 0.35N and maximum displacement of 80  by 
input condition of 40V were achieved from the 
fabricated PZT actuator. The rising and the falling time 
constant of this actuator under the input pressure of 
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0.5MPa were 0.29s and 0.19s respectively. The 
experiments for On-off control and PID-PWM control 
of the E-P regulator were operated under the input 
condition of 0.5MPa. From the experiments, the 
performance characteristics of the fabricated E-P 
regulator were evaluated. The pressure hysteresis of 
±2.5% and the time constant of 150ms under the flow 
input condition of 200lpm were measured through the 
manufactured experimental setup and it was confirmed 
that the proposed mechanism has good control 
characteristics to the response sensitivity and hysteresis.  

STRUCTURE AND OPERATING PRINCIPAL OF 

THE ELECTRO-PNEUMATIC REGULATOR 

Fig.1 shows the control flow diagram of the developed 
E-P regulator. The developed product is a pressure 
control valve that is a combination of a main poppet 
valve, two PZT microvalves, a microprocessor and a 
pressure sensor with a built-in feedback function. The 
open area of the poppet type output valve is controlled 
by two PZT microvalves. There is a built-in diaphragm 
device in the poppet type output valve to receive the 
pilot pressure. The two PZT microvalves have a 
multilayered bender type PZT actuator. It is operated in 
an alternating way by means of PWM signals generated 
by the controller. A microprocessor is embedded in the 
controller, which calculates input signals and signals 
from the pressure sensor in real time. The difference 
values are then sent to the two PZT microvalves 
respectively and main output pressure is controlled. The 
display device turns a voltage into a pressure for a user 
to easily check the controlled pressure of the system. 
The pressure sensor is installed on the output unit of the 
output valve and plays the eventual role of transmitting 
the pressure information to the controller. 

DESIGN AND MANUFACTURING 

Fig. 2 shows the appearance and inner structure of a 
PZT actuator designed to use for a pilot valve. Fig. 3 
shows the displacement results, which were calculated 
using Atila Software. Fig. 4 shows the manufactured 
PZT actuator. In this study, the manufactured PZT 
actuator has a 20-layered structure, dimensions of 
27.0mm(L)×9.0mm(W) ×0.8mm(t) with a constant of 

DESIGN AND MANUFACTURING 

220e-12m/V. Fig. 5 indicates the inner structure and 
assembled appearance of the microvalve using the 
designed and manufactured PZT actuator. As mentioned 
previously, two microvalves are used as pilot valves for 
supply and delivery, respectively. Fig. 6 shows the 
structure view of the manufactured main body. 

Figure 1 Control flow E-P regulator 

Figure 2 Multilayered bender type PZT actuator 

Figure 3 Displacement analysis result 

Figure 4 Photo view of manufactured PZT actuator 

Figure 5 Photo view of PZT microvalve 
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Figure 6 Structure view of main body 

PERFORMANCE TEST RESULTS 

Fig. 7 indicates the test results of the displacement 
characteristics of the designed and manufactured 
multilayered bender type PZT actuator. From the results 
we can get that more than 150  of displacement was 
observed at 80V. In addition, in terms of force 
characteristics it is verified to be used at a working 
pressure without any problems. Fig. 8 shows the 
manufactured experimental setup in order to evaluate 
the performance of the developed regulator. The 
developed regulator was compared with the 
conventional solenoid type, and a control technique to 
improve the performance of the regulator itself was 
studied. Tests were performed in three different 
conditions; one with On/Off control only, another with 
PID-PWM control, and the other with 
PID-PWM-Saturation function control. The test 
conditions were as follows: pressure of 0.4[MPa], 
sampling time of 0.001[s], PWM signal frequency of 
20[Hz], step signal  period of 1[s](On)~8[s](OFF), 
control reference signal of 0[V]~4[V]~0[V], PID gain 
of  pk =1.1, ik =0.001 and dk =0.001. For the data 
acquisition equipment and software, NI-6062E of NI 
and Simulink14 of Matlab were used respectively to 
measure experimental data. 
Fig. 9 indicates the Simulink block diagrams for the 
experiment with PID-PWM control, and 
PID-PWM-Saturation function control. Here, In the case 
of ( ), the final control signal is turned from a PID 
control signal into a PWM signal. In the case of (b), the 
control method is identical to the case of (a), and the 
system is run smoothly by providing an arbitrary control 
limit. 
Fig. 10 shows the experimental results of applying a 
PID-PWM control technique to the solenoid method and 
the PZT one, respectively. PID gain was not optimized, 
and an identical gain is applied to both regulators. The 
results of the PZT method were the same as in the 
solenoid method. 

Figure 7 Displacement results of PZT actuator 

Figure 8 Experimental setup for E-P regulator 

a) PID-PWM control block 

b) PID-PWM-saturation function control block 
Figure 9 Pressure control block using Simulink 

Fig. 11 indicates the results of the application of the 
saturating function to the conventional PWM control 
method in order to improve the hysteresis characteristics 
of a PZT type regulator. When k =1, linearity improve, 
but hysteresis deteriorates, while when k =2, both 
linearity and hysteresis improve. The developed 
controller makes it possible to adjust this value, 
depending on the performance of the system. 
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a) solenoid microvalve 

b) PZT microvalve 
Figure 10 Pressure control results using PID-PWM 

method 

a) Saturation function k = 1 

b) Saturation function k = 2 
Figure 11 Pressure hysteresis results using 

PID-PWM-Saturation function method 

CONCLUSION 

The developed regulator can be used in a wide range of 
fields, such as semiconductor manufacture, automobile, 
automation production line, package line, field bus and 
solar heat energy system. In terms of energy efficiency, 
it has numerous good characteristics, and for this reason 
we can anticipate that there will be very high demand 
for this product, and it will be eventually contribute to 
energy savings. 
However, there are a couple of problems to be solved 
before it is able to replace the conventional solenoid 
actuator. 
First, the stability of the PZT actuator needs to be 
ensured. To run at a low voltage and have large 
displacement and high drivability, a few  thin film 
PZT and scores of multilayered process are needed. To 
achieve this, laminate, polarization and cutting 
techniques are of great importance, and they should be 
first solved in order to obtain stability of the PZT 
actuator. 
Second, the PZT actuator is driven at a higher voltage 
than conventional solenoid actuators. The PZT actuator 
has condenser characteristics, and in order improve 
response characteristics, a discharge technique is 
needed. 
Third, durability and reliability also need to be secured. 
The weakest point of a PZT actuator, which is its 
brittleness, must be improved, and performance must be 
raised to a high level of reliability, to the point that there 
are no problems even after tens of thousands of 
repetitive operations are performed. 
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ABSTRACT

In this paper, a new proportional pneumatic floating vacuum pad is developed and constructed. There are two features
concerning this new vacuum pad. The first one is the introduced proportional solenoid, which enables the continuously
variable control of the suction force output. In addition, the floating mechanism design between the vacuum pad and
work-piece is the second feature, which is more preferable in real industries because it can protect the surface of the
work-piece from scratching or other damages. Moreover, two control schemes are also proposed in this paper. The first
one is the gap control. A pre-set constant gap is input to the controller as the command input which further drives the
proportional solenoid to maintain a steady-state gap between the vacuum pad and work-piece. In the second control
approach, the gap between the vacuum pad and work-piece is kept as large as possible to minimize the energy
consumption. Both control schemes are successfully implemented in this study. It is expected that the newly developed
prototype with two different control schemes may find some real applications in the future.

KEY WORDS

Vacuum Pad, Gap Control, Proportional Solenoid, Floating, Vacuum

NOMENCLATURE

u(k) : actuating signal
u(k) : actuating signal change

e(k) : error signal
KP : gain of the proportional controller
KI : gain of the integral controller

KD : gain of the derivative controller
Ts : sampling time
V(k) : velocity signal at kth instant of sampling
X(k) : gap signal at kth instant of sampling
X(k-4) : gap signal at (k-4)th instant of sampling
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INTRODUCTION

Nowadays, applications of pneumatic vacuum pad may
be found in many different engineering fields, especially
in the field of automatic conveyer system, automatic
assembly line, semiconductor industry as well as silicon
wafer factory, etc. Traditional vacuum pad generally
utilizes a nozzle to produce the effect of vacuum [1, 2].
To adjust the suction force output, it is required to
change manually the opening area of the nozzle. In this
paper, however, a new proportional pneumatic floating
vacuum pad is developed and constructed as shown in
Fig. 1 [3, 4]. There are two features concerning this new
vacuum pad. The first one is the introduced proportional
solenoid, which enables the continuously variable
suction force output. The second one is the floating (i.e.
non-contacting) mechanism design, which is more
preferable in real industries because it can protect the
surface of the work-piece from scratching or other
damages.
In this paper, two control schemes are also proposed.
The first one is the gap control. A pre-set constant gap is
input to the controller as the command input which
further drives the proportional solenoid to maintain a
steady-state gap between the vacuum pad and
work-piece. A possible minor fault, however, is that the
pre-set gap may not be the optimal setting. It may give
rise to larger energy consumption. Therefore, a second
control strategy is proposed to minimize the energy
consumption. In details, the gap between the vacuum
pad and work-piece is no longer a constant. Instead, the
gap is kept as large as possible in order to minimize the
energy consumption. It is expected that the newly
developed prototype with two different control criteria
may find some real applications in the future. In the
following, the principles of the proportional solenoid as
well as the design of the vacuum pad will be illustrated.

VACUUM PAD DESIGN USING PROPORTIONAL

SOLENOID

Figure 1 shows the scheme of the developed vacuum
pad. The air is guided to flow into the vacuum pad at an
eccentric inlet A. After passing through the restrictor C,
the air is guided to flow out of the thin film between the
vacuum pad and the work-piece denoted by B. The
opening area of the restrictor is automatically controlled
by the proportional solenoid. The proportional solenoid
(Magnet-Schultz, GRF035) is a popular
electro-mechanical transducer used in the design of
fluid-power proportional valves [4, 5]. It has a quite
linear force/stroke relation, which is the key
requirement for the design of the proportional vacuum
pad. The restrictor poppet, which is subjected to a
constant force in the linear working range, reaches a

law. This definite position of the poppet signifies a

definite opening area of the restrictor. Furthermore, it is
well-known that the relation between the output force
and the input current for the proportional solenoid is
linear. Consequently, the opening area of the restrictor is
continuously controllable and is proportional to the
input excitation current. This is exactly the basic
function of the proportional vacuum pad. Other design
details can be found in reference [4]. Finally, the picture
of the developed prototype equipped with a gap sensor
(Keyence, AS440) is shown in Fig. 2.

EXPERIMENTAL RESULTS AND DISCUSSION

Figure 3 shows the gap control block diagram for the
proportional floating vacuum pad. In this study, the
utilized control scheme is the PID controller, in which
the optimal gains are determined by the criterion
proposed by Ziegler and Nichols [6]. The discrete-time
PID-controller can be formulated as

kukuku 1 , (1)

keKkekeKku IP 1
212 kekekeKD , (2)

For the first control scheme, a constant gap is input to
the control system as the command input. In the second
control approach, however, the gap input is not a
constant. The controller tries to enlarge the gap slowly
and continuously after the initial setting in order to
minimize the input current to the proportional solenoid
as long as the work-piece (a CD-disk) does not fall.
However, the oscillation of the gap is inevitable arising
from the continuously enlarged gap setting. To prevent
the accidentally falling of the work-piece, therefore, the
controller must assure that the oscillation of the gap is
convergent. To achieve this, an upper limit for the
continuously enlarged gap must be found by the
controller. Practically, the incremental enlargement of
the gap will be stopped by the controller if the obvious
oscillation of the gap is detected. Moreover, to detect
the gap oscillation precisely, the numerical derived
velocity signal after the impact (shown in Fig. 5 and Fig.
6) is employed and expressed as

sT
kXkXkV

4
)4()()( . (3)

If the absolute value of the velocity signal, V(k),
exceeds a pre-set bound, it signifies that the obvious
oscillation of the gap is detected and the gap should no
longer be enlarged by the controller. The most suitable
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bound for the velocity signal, however, is obtained by
trial-and-error approach
In this study, the picture of the utilized experiment is
shown in Fig. 4, where the generated suction force
makes successfully a CD-disk adhere to the developed
vacuum pad. The supply pressure is adjusted to be 2 bar
and the mass of the CD-disk is approximately 16 g.
Figure 5 shows one typical experimental result using the
first control scheme. The command gap input is set to be
0.5 mm. The consumed steady-state current input to the
proportional solenoid is nearly 0.26 A and the
steady-state error of the gap control is 0.01 mm. On the
other hand, a comparative experimental result using the
second control strategy is shown in Fig. 6. Obviously,
the required steady-state current becomes only 0.18 A
which is smaller than the aforementioned one. In
addition, the gap between the vacuum pad and
work-piece is oscillatory at the beginning and settles to
1.14 mm which is larger than the pre-set input gap using
the first control scheme. In this case, the percentage of
energy-saving is nearly 30%.
From the time response curves of the air gap thickness
shown in Fig. 5 and Fig. 6, it is observed as well that the
work-piece contacts the vacuum pad at the beginning.
After this inevitable impact, however, the thickness of
the air gap settles and reaches the steady-state value.

CONCLUSION

In this paper, a new proportional pneumatic floating
vacuum pad was successfully developed and
constructed. After experimental tests, three conclusions
may be drawn from this research.

(1) The most important feature of the developed
proportional vacuum pad is the introduction of
the proportional solenoid, which can be used to
generate automatically the adequate suction force
output by closed-loop control technique.

(2) Two control schemes are proposed and
successfully implemented in this paper. The first
one is the constant gap control, which is proven
to be more stable and less oscillatory. On the
other hand, in the second control scheme, the gap
between the vacuum pad and work-piece is kept
as large as possible, which is proven to be more
energy-saving but less stable. In this study, the
percentage of energy-saving reaches
approximately 30%.

(3) During the process of suction force output, it is
observed that the work-piece contacts the vacuum
pad at the beginning. After this impact, the
thickness of the air gap settles and reaches the
steady-state value. However, such an impact
between the vacuum pad and work-piece is not
allowed in some precision applications, such as
the silicon wafer industry. In the future, therefore,
some advanced closed-loop air gap control

system should be introduced to avoid the direct
contact between the vacuum pad and the
work-piece.
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Figure 1 Scheme of the developed proportional floating
vacuum pad

Figure 2 Prototype of the developed proportional
floating vacuum pad
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Figure 3 Block diagram of the gap control for the
proportional vacuum pad

Figure 4 Experimental example showing the developed
vacuum pad with a sucked CD-disk

Figure 5 Experimental results using the first control
scheme

Figure 6 Experimental results using the second control
scheme
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ABSTRACT

Pneumatic servo systems are applied in several industrial applications and have also been studied extensively for the
purposes of compensating the nonlinearity of pneumatic servo systems and improving the controllability with robust
control. In their control system design, the transfer function of a pneumatic servo system has been a third-order time
lag system, based on the assumption that servo valve dynamics is negligible because it is sufficiently faster than
cylinder dynamics. However, the characteristic of a servo valve greatly influences the dynamic characteristic of the
pneumatic servo and should be taken into account in the control system design. In this research, a new method of
control system design, which deals with the pneumatic servo system as a fifth-order time lag system including a
second-order time lag system of a servo valve, has been proposed. The experiment shows that the proposed method is
effective. As a result, we can decide all of the control parameters including the proportional gain without trial and
error. The obtained proportional gain can be larger, so that the performance of a pneumatic servo has been improved.

KEY WORDS

Pneumatics, Control System Design, Pneumatic Servo System, Servo Valve, Cylinder

NOMENCLATURE

Ksv : Servo valve gain [m2/V]
Kn : Flow gain of servo valve [m/s/mm2]

v : Natural frequency of servo valve [rad/s]
n : Natural frequency of pneumatic cylinder [rad/s]

v : Damping coefficient of servo valve [-]
s : Laplace operator [-]
s* : Dimensionless Laplace operator [-]

INTRODUCTION

Since the late ’90s, pneumatic servo systems have been used in

many fields, such as the active suspension system on the
Shinkansen bullet train, molding machines for glass lenses, and
amusement robots, because of the numerous advantages of high
power, compliant property, and good force controllability.
However, the characteristic of a pneumatic servo is nonlinear,
which make control difficult. Therefore, control methods of a
pneumatic servo, applying advanced control theories such as
fuzzy control or robust control, have been investigated [1][2]. In
these cases, the transfer function of third-order time lag system
derived only from equations on cylinder dynamics is utilized for
the control system design, because the pneumatic servo is
usually driven by a servo valve that is sufficiently faster than the
cylinder dynamics. However, the authors previously clarified
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that the dynamic characteristic of a servo valve decides the
entire dynamic characteristic of a pneumatic servo. Therefore,
the transfer function should be a fifth-order time lag system
including the dynamic characteristic of a servo valve in the
control system design of a pneumatic servo system. The purpose
of research is to establish a new control system design method
on a pneumatic servo system considering the dynamic
characteristic of a servo valve.

Control system design procedure considering the dynamic

characteristic of a servo valve

Mathematical model of a pneumatic servo system [3]
In general, the transfer function of a spool type servo valve is
treated as the following second-order transfer function:

22

2

2 vvv

vsv
v

ss
K

sG (1)

The mathematical model from the flow rate of a servo valve to
the displacement of a pneumatic cylinder, which is an actuator
in the pneumatic servo system, is described by the flow rate
equation on the servo valve, a gas state equation, and the
dynamic equation of the cylinder. By linearizing these equations,
where it is assumed that the change in the state of air is an
isothermal change and that the friction of a cylinder is negligible,
the transfer function is obtained as follows:
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Conventional control system design method

If the assumption that the dynamics of the servo valve Gv(s) is
sufficiently fast compared to the dynamics of the cylinder Pn(s)
is true, then the transfer function of the controlled system is a
third-order time lag system because Gv(s) is negligible.
Therefore, a control method in which the feedback signals are
velocity and acceleration, in addition to position, is adopted. A
block diagram of this control method is shown in Fig.1, and the
non-dimensional transfer function of a closed-loop system
transformed by the non-dimensional time = ( p sn n n)1/3 is
given as follows:

1*'*'*
1*
23 sss

sGc (3)

The velocity or the acceleration feedback gain are then
respectivelygiven as follows:
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Figure 1 Block diagram of the pneumatic servo system

The transient response of Eq. (3) is determined by the values of
' and '. These values, usually ' =2 and ' are chosen so as

to enable adequate damping in the response. The proportional
gain Kp cannot be determined in this conventional method.
Consequently, the maximum proportional gain Kp is determined
in the stable region by trial and error, because the controllability
becomes better as Kp increases.On the servo valve, the control
parameters, the natural frequency v, and the damping
coefficient v, are adjusted independentlyof the pneumatic servo
system. The natural frequency v is decided by the maximum
force of the actuator driving the valve. In many cases, the
damping coefficient of the servo valve v is set to 0.7 - 0.8 in
order to realize a suitable response in second-order time lag
system.
Proposed control system design method

In the conventional method, poles of the closed-loop system is
bigger and the system response is faster, when the proportional
gain Kp becomes large, so that the above assumption that the
dynamics of the servo valve Gv(s) is sufficiently fast compared
to the dynamics of the cylinder Pn(s), is not true. The
closed-loop system should be dealt with as a fifth-order time lag
system including the transfer function of the servo valve. In
addition, parameters of v and v on the servo valve should also
be included in the adjusted control parameters in the control
system design procedure.
The fifth-order time lag system of Eq. (6) is obtained when the
closed-loop transfer function of Fig.1 is formed into a
non-dimension by the dimensionless time = (KcKp)1/5t.

1*****
1*

2345 sssss
sGc (6)

The relationship between , , , and in the above equation
and each feedback gain are given by the following equations:

cnvp KK
2522

max (7)

max
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cnvvpca KKKK 2
max

53 2 (9)
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54 (10)
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As stated previously, v is decided by the maximum force of the
voice coil motor driving a servo valve. That is to say, it can be
assumed that this value is known. Then, all of the adjusted
control parameters, v and v, on the servo valve and each
feedback gain including a proportional gain Kp can be calculated
by giving , , , and in Eqs. (7) - (10). A desired response is
obtained when a suitable value of , , and is selected.
There are a number of selection methods, and, for example, the
integral of time multiplied by the absolute value of error (ITAE)
criterion provides these values.

Effectiveness of the proposed control system design method

Experimental method

The proposed control system design method was tested
experimentally using an actual pneumatic servo system, as
shown Fig. 2. Figure 3 shows the apparatus of its pneumatic
servo system [3]. This pneumatic servo system is general and
consists of a pneumatic cylinder, a servo valve, and a controller.
However, the pneumatic cylinder is special. An air bearing
supports the piston of a pneumatic cylinder and the frictional
force is very small. The piston is driven by the supply pressure
of 0.4 [MPa]. The cross sectional area of the cylinder is 380
[mm2], and the stroke of the cylinder is 20 [mm]. The personal
computer is used for the controller, and the control algorithm
was programmed by xPC-Target of Matlab/Simulink. The
cylinder and the servo valve were simultaneously controlled by
a single computer. The sampling frequency is 10 [kHz]. The
spool position of the servo valve and the cylinder displacement
were measured by two digital position sensors and were input to
a controller through the I/O-board. The resolution of a position
sensor is 0.128 [ m]. The velocity and acceleration signals
required for feedback control are obtained from the
displacements by using the observer. The observer's poles were
set to be sufficiently higher than the pole of the closed-loop
system. The output of the controller is output to the servo valve
through the D/A-board. Finally, the pneumatic cylinder is
positioned.
Validity of a mathematical model

In order to verify the validity of the mathematical model of a
pneumatic servo system, a step response test was conducted.
The results for the servo valve, where v = 140 [Hz] and v = 1,
are shown in Fig. 4. The origin is the null position of the servo
valve. This figure shows that the response of the mathematical
model is approximately the same as the experimental
response.The response of the closed-loop system is shown in
Fig. 5. The step width is 5 [mm], and the one of the stroke ends
of the cylinder is the origin point of the cylinder position. The
values of v and v for the servo valve were same as those
shown in Fig. 4. The proportional gain Kp = 0.03 is chosen, and
the feedback gains on velocity and acceleration are calculated
from Eqs. (4) and (5) as ’= 2 and ’= 3, respectively. The
experimental results show good agreement with the response of
the mathematical model shown in Eq. (6), although the
pneumatic servo system has some nonlinearity. The
mathematical model including the servo valve is therefore valid.

Figure 2 Photograph of the tested pneumatic servo system

Figure 3Apparatus of the pneumatic servo system

Effectiveness of the proposed control design method

The step response obtained by the proposed control system
design method is shown in Fig. 6. In this design, , , , and
are decided by the ITAE criterion, and the natural frequency of
the servo valve v is 140 [Hz], considering the validity of the
mathematical model. Control parameters, such as the velocity or
the acceleration feedback gain, were calculated directly by Eqs.
(7) - (9) without the need for a trial-and-error process. The
proportional gain then became Kp = 0.13 [V/m]. In Fig.5, the
dash-dotted line shows the response of Eq. (6) used in the
control system design. The experimental results are similar to
those of Eq. (6) with respect to the overshoot or undershoot of
the response upon settling. This difference may be due to a
nonlinearity of the pneumatic system. We concluded that the
proposed control design method is effective and that the
pneumatic servo system should be dealt with as a fifth-order
time lag system.
Comparison with the conventional method

The results of the conventional control system design method
are compared with those of the proposed system in Fig. 7. In the
conventional method, the servo valve dynamic characteristic of

v = 140 [Hz] is the same as that of the proposed method. The
damping coefficient of a servo valve was adjusted to v = 0.75
in a second-order time lag system.
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Figure 4 Step response of the mathematical model on the servo
valve compared with the experiment
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Figure 5 Step response of the mathematical model on the
pneumatic servo system compared with the experiment

The velocity and acceleration gains were calculated from Eqs.
(4) and (5) by setting ’= 2 and ’= 3. The proportional gain Kp
was obtained by trial and error, keeping the velocity and the
acceleration gains constant, and Kp = 0.10 [V/m] was selected.
When the proportional gain Kp is set to be greater, a small
fluctuation occurred in the response. Consequently, the
proportional gain is smaller in the case of the conventional
control system design method than in the case of the proposed
method. The rise time and the settling time of the proposed
method are faster, as compared to the conventional method.
Figure 7 reveals the superiorityof the proposed technique.

Conclusion

Anew control system design method was proposed in which the
transfer function of the pneumatic servo system is considered to
be a fifth-order time lag system by dealing with the dynamic
characteristics of servo valve as a second-order time lag system
explicitly. The results of an experiment indicate that the
proposed method is veryeffective. In particular, the proposed
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Figure 6 Step response designed by the proposed method
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Figure 7 Comparison of the proposed method with the
conventional method

method can be used to decide all of the control parameters
without the need for a trial-and-error process. Furthermore, the
proportional gain obtained by the proposed method is larger
than that obtained by the conventional method through trial and
error and is near maximum in the stable region. Therefore, the
controllabilityof the pneumatic servohas been improved.
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ABSTRACT 

Currently used jet vacuum ejector has a defect of high air consumption due to its requirement of continuous air supply.  
Focusing on this problem, a new type of piston vacuum generator (PVG for short) has been researched.  The PVG has 
two pairs of pistons. One is for driving and another is for vacuum generating.  Besides the maximum vacuum value, 
the vacuum response time and air consumption are the most concerning performances.  Special structural design is 
made so as to meet all the requirements, in which the unequal diameters of pistons, using directional control valves 
instead of the check valves and stepped flow rate control scheme are proposed and realized. Experimental results have 
shown that for the prototype of piston vacuum generator its maximum vacuum is about 93kPa, the response time is 
about 3.7s and the air consumption is reduced by about 71.3% in time interval of 60s compared to the same level of 
vacuum ejector. 

KEY WORDS  

Piston Vacuum Generator(PVG), energy saving, stepped flow rate control 

INTRODUCTION 

Vacuum pads have been used extensively in vacuum 
picking operation in pneumatic control systems. Vacuum 
picking has advantages for moving tiny, 
easily-deforming or easily-breaking parts[1]. At present, 
main pneumatic vacuum generating component in 
industry is still vacuum ejector. According to the working 
principle of vacuum ejector, compressed air needs to be 
ejected directly from inlet to outlet and must be 
maintained for keeping a certain vacuum. Therefore, it 
has to consume large compressed air and be inefficient in 
application[2,3]. To solve the problem of high air 
consumption, a new type of energy-saving vacuum 
generator called Piston Vacuum Generator(PVG for shot), 
which works on the principle of generating vacuum by 
volume expansion, is proposed and researched. It 

provides a new technical approach for saving energy in 
pneumatic vacuum system. The structure, key 
technologies and testing results are introduced in 
following sections.  

STRUCTURE OF PVG 

Vacuum could be generated not only by air ejecting, but 
also by volume expansion[4,5], i.e., by means of piston 
moving, the piston chamber is enlarged so as to make air 
expand to decrease the pressure and form vacuum state 
in the chamber. For applying this principle to generate 
vacuum and draw air from vacuum pads, a double piston 
structure of a piston vacuum generator is designed as 
shown in Figure 1.  One of the pistons is in the driving 
chamber and another is in the vacuum chamber in the 
PVG. Because of the restriction of structure sizes, the 
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device can not provide the enough vacuum ability at one 
stroke of pumping operation. Therefore, the vacuum 
chamber piston must be reciprocated to generate vacuum 
continuously and two directional valves, which control 
piston reciprocating and four check valves, which control 
vacuum chamber pumping and exhausting, are needed in 
the structure of PVG.   
Due to limited space, the theoretical model is not 
described in this paper but it can be seen in reference [6].
The working process of PVG can be described as follows. 
Compressed air is fed into the driving chamber 
through directional valve and the piston is pushed onto 
left and the air in driving chamber is exhausted outside 
the chamber through the directional valve. At the same 
time, the volume of vacuum chamber  is expanded thus 
to generate a certain vacuum in the vacuum chamber II 
and at vacuum port. Moreover the air in vacuum 
chamber is also exhausted through a check valve. 
When the piston moves to the end of stroke, the 
directional valves are switched and pistons move towards 
opposite direction. A new vacuum generating process 
starts and vacuum can be generated continuously. 

1 4 62 Ps Vacuum Port

Out1 Out2 7

v
D1 D2

3 5

1.driving chamber  2.piston 3. driving chamber
4.vacuum chamber  5. vacuum chamber

6.check valve 7.directional valve 
Figure 1 Sketch of PVG structure 

The preliminary testing is conducted with the PVG 
prototype shown in Figure1[6]. It is found that to open 
pumping check valve some local pressure loss would be 
taken place in the exhausting process and the effective 
area of pumping channel would be reduced gradually 
with increasing vacuum. Therefore, in structure the 
pumping check valve is not useful for reducing response 
time. Furthermore, the structure with equal diameters of 
driving chamber and vacuum chamber is not beneficial 
to decreasing response time. For overcoming these 
defects, the generator is improved base on PVG. The 
improved structure is shown in Figure 2 and is named as 
PVG-R (Piston Vacuum Generator-Rapid Response). 
The main differences between PVG and PVG-R are: 1) 
The two original check valves are replaced by a pumping 
directional valve to increase effective area of pumping 
channel and reduce local pressure lost; 2)

unequal diameters of driving chamber and vacuum 

chamber is designed so as to increase piston motion 
speed; 3) A structural form of pressure balance way is 
adopted in vacuum chamber to reduce initial expansion 
pressure in clearance volume. The aim to make these 
improvements is to reduce the response time of the 
generator. 

2Ps

Out2Out1

v

3

1

4

Vacuum port

D1 D2

1.pumping directional valve  2.pressure balance way  
3.check valve  4.feeding directional valve 

Figure 2 Sketch of PVG-R 

FUNDEMENTAL CHARACTERISTS 

EXPERIMENT 

The PVG-R prototype is made and tested. The 
constitution of testing and measuring devices is shown in 
Figure 3. 

Figure 3 Photo of PVG-R prototype experiment  

In the experiment, the main structural parameters of 
PVG-R prototype are: driving chamber diameter 30mm, 
vacuum chamber diameter 40mm, piston stroke 60mm, 
supply pressure 0.21MPa and vacuum vessel 1L. A 
prototype of PVG-R with above parameters is tested and 
the supply flow rate and vacuum response time are 
measured, which are shown in Figure 4 and Figure 5. 
The average supply flow rate is near 55L/min and the 
maximum vacuum is about 93kPa. From the enlarging 
diagram in the lower right corner of Figure 5, it can be 
seen that the curve shape of vacuum response of PVG-R 
is sawtooth and increased gradually up to maximum 
vacuum. Then the vacuum is kept almost constant.  In 
addition, from Figure 4 it can be seen that at the initial 
response stage the supply flow rate is increased rapidly 
and then decreased a little. But at the vacuum keeping 
state, the supply flow rate maintains a constant value. 
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Figure 4 Supply flow rate of PVG-R prototype  

Figure 5 Vacuum response of PVG-R prototype 

The average supply flow rate is near 55L/min and the 
maximum vacuum is about 93kPa. From the enlarging 
diagram in the lower right corner of Figure 5, it can be 
seen that the curve shape of vacuum response of PVG-R 
is sawtooth and increased gradually up to maximum 
vacuum. Then the vacuum is kept almost constant.  In 
addition, from Figure 4 it can be seen that at the initial 
response stage the supply flow rate is increased rapidly 
and then decreased a little. But at the vacuum keeping 
state, the supply flow rate maintains a constant value. 
For comparison of main performances of PVG prototype, 
PVG-R prototype and other type of vacuum ejector at the 
same pumping level, in this paper the vacuum response 
time is defined as the time when the pressure in 1L 
vessel is decreased from atmosphere to vacuum of 80kPa 
with supply flow rate 50L/min. 
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Figure 6 Comparison of vacuum response of two types of 
vacuum generators with the same pumping level 

Comparison of the vacuum response of two types of 
vacuum generators with the same pumping level is 
shown in Figure 6. Comparison of the main 
performances is listed in Table 1. From Table 1, it can be 
seen that the maximum vacuum of PVG-R prototype is 
about 93kPa, which is higher than 91kPa of a vacuum 
ejector at a same level. The response time of PVG-R 
prototype is about 3.70s, which is less than that of a 
vacuum ejector at the same level. 

Table 1 Comparison of main performances of two types 
of vacuum generators 

Main performances PVG
prototype 

PVG-R
prototype 

Vacuum
ejector

Supply flow rate q
 [L/min] 50

Supply pressure 
ps [MPa] 0.13 0.21 0.40 

Response time 
t [s] 12.60 3.70 4.80 

Maximum vacuum
pvmax [kPa] 85 93 91

STEPPED FLOW RATE CONTROL 

From Figure 4, it can be further analyzed that although 
the supply flow rate is slightly decreased after vacuum 
response stage the air supply in vacuum keeping state is 
still kept at a higher level than the desired.  As we know, 
if the surface between the vacuum pad and picked part is 
well sealed, at the vacuum keeping stage only a little air 
supply is needed to replenish the slight leakage from the 
contacting surface. Based on this analysis, a technical 
approach for further decreasing air supply is presented. 
The idea of the approach is that the large air flow rate is 
supplied at the initial vacuum response state and then the 
air flow rate is reduced to a necessary low level enough 
to replenish the slight leakage and maintain the rated 
vacuum. This technical approach is called the stepped 
flow rate control method. In order to implement this 
stepped flow rate control method, a vacuum detecting 
and flow rate controlling component is designed and 
added into the structure of PVG-R, which is named as  
PVG-RL and is shown in Figure 7.  

3Ps

Out2Out1

1

v

2

4

Vacuum Port

1.stepped flow rate control valve 2.pumping directional 
valve 3.pressure balance way 4.feeding directional valve 

Figure 7 Sketch of PVG-RL 
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In the structure of PVG-RL, a stepped flow rate control 
valve which can adjust supply flow rate according to 
detecting result of the system vacuum is added near the 
air supply port. The valve can adjust effective area of 
supply channel to reduce supply flow rate according the 
preset vacuum. 
Through experiments[7], the structural parameters of 
stepped flow rate control valve are modified and the 
photo of the modified PVG-RL prototype is shown in 
Figure 8. 

Figure 8 Photo of PVG-RL prototype 

Experiments are conducted to measure the 
response characteristics of PVG-RL prototype. 
With the condition of supply pressure 0.21MPa, 
vacuum vessel 1L and preset vacuum 80kPa, the 
measured response characteristics of PVG-RL 
prototype is shown in Figure 9. 
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Figure 9 Response characteristics of PVG-RL prototype 

From Figure 9, it can be seen that when the vacuum is 
above preset 80kPa the air flow rate is quickly decreased.  
This means that the control valve starts after the system 
vacuum is above the preset vacuum and the supply flow 
rate falls in a stepped shape. Thus the overall flow rate is 
obviously decreased. 
Experimental results indicate that the minimum supply 
flow rate of PVG-RL prototype is about 12L/min and the 
air supply flow rate in vacuum keeping stage is 
obviously reduced compared with that in vacuum 
response stage. However, for maintaining a certain 
vacuum, the normal vacuum ejector has to be supplied 
with a constant air flow rate at a higher level. For 

example, a normal vacuum ejector must be supplied with 
a flow rate of 50L/min to generate and maintain vacuum. 
But in contrast the PVG-RL prototype only needs an air 
supply flow rate of 12L/min at vacuum keeping stage, 
thus reducing a lot of air consumption. Experimental data 
have figured out that with a quick vacuum response 
performance the new PVG-RL prototype could reduce 
the air consumption by 71.5% compared to a normal 
vacuum ejector at the same level.  

CONCLUSIONS 

Currently used jet vacuum ejector has a defect of high air 
consumption due to its requirement of continuous air 
supply.  Focusing on this problem, a new type of piston 
vacuum generator (PVG for short) has been researched.  
How to maintain the original performances such as the  
maximum vacuum value and the vacuum response time 
that the normal jet vacuum ejector have realized and 
obviously decrease the air consumption is the key 
technical problem.  For this, special structural design 
and technical approach are applied such as unequal 
piston diameters,  using directional valves instead of 
two check valves, adopting pressure balance way and 
applying stepped flow rate control scheme. Experimental 
results have shown that for the prototype of piston 
vacuum generator its maximum vacuum is about 93kPa 
which a little higher than that of normal jet vacuum 
ejector, the response time is about 3.7s which is quicker 
than 4.8s of a normal ejector and the air consumption is 
reduced by 71.3% in time interval of 60s compared to the 
same level of vacuum ejector. 
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ABSTRACT 

There are many methods to improve actuator efficiency in pneumatic systems. In this research, the authors remodeled 
rotary valve of radial piston type air motor. During forward rotation, increasing Cut-off ratio of rotary valve which 
controls supply and exhaust timing can increase expansion process in this motor. As a result, air consumption was 
reduced, torque was increased and efficiency that we define as the ratio of air consumption to torque was improved. 
And the authors clarified the existence of an optimum angle in Cut-off ratio. 
 Considering practical utilizations, performance of this motor is demanded for the same forward rotation as backward 
rotation. But actually, increasing Cut-off ratio increases compression process and derives efficiency worse. 
 So the authors have proposed to remodel the casing of this motor in addition to increasing Cut-off ratio. This 
remodeling makes this motor the same performance forward rotation as backward rotation, but clearance volume 
expands. So the rate of increasing efficiency under this condition is less than under only remodeling Cut-off ratio. But 
we directed to possibility of improving efficiency. 

KEY WORDS  

Key words: Actuator, Rotary valve, Cylinder, Cut-off angle, Expansion energy  

NOMENCLATURE 

EI : Supplied energy 
PC : Cylinder pressure 

: Torque 
VC : Cylinder volume 

: Angular velocity 
: Efficiency 

ex : Cut-off angle 

INTRODUCTION 

The characteristic of the pneumatic actuator depends 
mainly on the compressibility of air as its operating 
medium. The advantages include the easy storage of 
energy, the small size and lightweight per output, and 
the good explosion-proof performance.  
The disadvantages include the low energy conversion 

efficiency, the low controllability caused by the 
compressibility of air, and the loud exhaust noise, which 
a variety of researches have been developed to improve. 
The energy conversion efficiency can be improved by 
reducing pressure loss or fluid resistance due to air leaks 
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or restrictions, or by using supplied energy efficiently. 
This research attempted higher energy conversion 
efficiency by using the expansion energy of compressed 
air. The subject is a radial piston type air motor. 
Remodeling its rotary valve for utilizing the 
characteristic of air in the cylinder was applied to 
reduce the supplied and exhaust energy. The problems 
of the remodeling were shown, which led to the 
proposal of new remodeling. The validity was examined 
by simulation.  

THE PRINCIPLE 

Figure 1 illustrates a radial piston type air motor in 
section. Supplied air passes through the inside of the 
rotary valve indicated by the shaded area, pushes the 
piston down, passes through the inside of the rotary 
valve again, and then lets out. Figure 2 (a) illustrates a 
genuine rotary valve in section which is an important 
part to decide supply and exhaust timing in driving. 

A
A

A
A

A
A

A
A

Supply

Exhaust

Rotary valve
Piston

Cylinder 

Shaft

Figure 1  Radial piston type air motor in section 

ex

Exhaust Supply

ex

Exhaust

ex

Exhaust Supply

Upper Dead Point

Lower Dead Point

Supply

(a)  In section (b)  Cylinder 
Figure 2  Genuine valve 

As shown in Figure 2 (b), the genuine valve supplies 
air during the piston travels from the upper to the lower 
dead point. This mechanism does not make full use of 
the expansion energy of air. To improve this, remodeling 
the rotary valve for using the expansion energy of air 
was applied. Figure 3 illustrates the remodeled valve in 
section. 

ex

Exhaust Supply
Expansion
Process

Upper Dead Point

Lower Dead Point

Air
Supply

(a)  In section (b)  Cylinder 
Figure 3  Remodeled valve(Forward rotation) 

As shown in Figure 3 (a), increasing Cut-off angle ex
on the supply side cuts air supply off halfway, and the 
supplied air expands in the rest of its stroke. This may 
give lower air consumption and higher efficiency. Three 
remodeled valves were made for the research. Table 1 
shows the Cut-off angles and the expansion process rate 
of the genuine and all remodeled valves. The expansion 
process rate is defined only for forward rotation. 
Consideration to backward rotation is in another 
chapter. 

Table 1  Remodeled values of Rotary valves 
Valve Cut-off angle 

rad
Expansion 

process rate 
Genuine 0.262 0.001 

Remodeled #1 0.479 0.121 
Remodeled #2 0.631 0.307 
Remodeled #3 0.750 0.487 

EXPERIMENTAL SETUP 

Figure 4 illustrates the outline of the experimental 
setup used in this research. The method is to change the 
angular velocity by controlling the exciting current of 
the magnetic particle brake at 0.5[MPa] of supplied air 
pressure. 
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Figure 4  Outline of Experimental setup 
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EXPERIMENTAL RESULTS AND 
CONSIDERATIONS 

Figure 5 illustrates the P-V diagram of the cylinder 
inside for each valve at 80[rad/s] of angular velocity. 
Figure 6 illustrates The P-V diagram in changing 
angular velocity for the remodeled #2. 
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Figure 5  P-V diagram (80[rad/s]) 
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Figure 6  P-V diagram(Remodeled #2) 
As shown in Figure 5, this process in which the 

expansion process rate increases as the Cut-off angle 
increases is categorized into adiabatic expansion. The 
higher exhaust pressure than atmospheric pressure is 
caused by the equipment of the air filter, mist separator, 
and flow meter on the exhaust side. 
The lower exhaust pressure of the remodeled valves 

than the genuine valve appears as the Cut-off angle 
increases. This is caused by the reduction of air supply 
at the same revolution. The temporary compression is 
observed in exhaust. This is considered as the effect of 
the four cylinders motor in that when the measured 
cylinder comes at 270[deg] of phase, another cylinder 
running 90[deg] behind starts exhausting. The 
temporary expansion in supply is caused by the similar 
effect. The results of air consumption and output are 

shown in Figure 7 and Figure 8. 

0 400 800 1200 1600 20000

400

800

1200

1600

Angular Velocity    rpm

A
ir 

C
on

su
m

pt
io

n 
 l/

m
in

1
2
3

1
2
3

0 400 800 1200 1600 20000

400

800

1200

1600

A
ir 

C
on

su
m

pt
io

n 
 l/

m
in

0 400 800 1200 1600 20000

400

800

1200

1600

Remodel  #1
Remodel  #2
Remodel  #3

Genuine
Remodel  #1
Remodel  #2
Remodel  #3

Genuine

Figure 7  Air consumption 

0 400 800 1200 1600 20000

100

200

300

400

500

600

O
ut

pu
t  

W

0 400 800 1200 1600 20000

100

200

300

400

500

600

O
ut

pu
t  

W

1
2
3

1
2
3

0 400 800 1200 1600 20000

100

200

300

400

500

600

O
ut

pu
t  

W

0 400 800 1200 1600 20000

100

200

300

400

500

600

O
ut

pu
t  

W

Remodel  #1
Remodel  #2
Remodel  #3

Genuine
Remodel  #1
Remodel  #2
Remodel  #3

Genuine

Angular Velocity    rpm
Figure 8  Output 

Focusing on the air consumption, it decreases in the 
high and middle revolution range as the Cut-off angle 
increases. 
The output of all remodeled valves is generated more 

than the genuine valve. Theoretical torque is represented 
as the area of P-V diagram. In Figure 5, the reduction, in 
the expansion process, of the P-V diagram area for the 
remodeled valves seems worse than the genuine valve. 
But the lower exhaust pressure of the remodeled valves 
than the genuine valves allows the higher torque. 
The following equation calculates efficiency. The input 

is supplied energy and the output is shaft output. 

I

100
E

 (1) 

Figure 9 shows the efficiency calculated by this 
equation. All remodeled valves improve the efficiency 
in Figure 9. The remodeled #2 which show the highest 
efficiency improves it by approximately 4[%] in all 
revolution ranges. The remodeled #1 and #2 show no 
peaks. This is considered to be caused by the dispersion 
of revolution on the effect of stick-slip in the low 
revolution range. The Cut-off angle of each valve 

467 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



increases as the remodeled number, and the efficiency 
of #2 is higher than #1 while that of #3 is not the highest. 
This shows that an optimum Cut-off angle giving a 
maximum efficiency should exist. 
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Figure 9  Efficiency 

PROBLEMS OF REMODELING 

Performance in backward rotation 
The improvement of the efficiency in forward rotation 

was examined in previous chapter. But in backward 
rotation, the compression process doesn’t improve the 
performance, the expansion process does. Figure 10 and 
11 shows the results. 
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Figure 10  Output(backward rotation) 
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Increasing the Cut-off angle expands the compression 
process to lower the output. The torque output was 
almost lost at 90[rad/s] for the remodeled #2 and at 
40[rad/s] for the #3 of revolution to prevent higher 
revolution. While the remodeled #1 has much lower 
torque and output, it can rotate more than at 120[rad/s] 
of revolution so that it has enough performance to be 
used even in backward rotation. 

Starting torque 
Changing the Cut-off angles showed the existence of 

some specific Cut-off angles at which the upward 
tendency of starting torque changes into downward or 
the motor cannot start theoretically. 
Figure 12 explains the reason. Air passes through the 

inside of the rotary valve and the ducts, and is supplied 
to the cylinder inside. The four ducts connected to each 
cylinder are used for air supply and exhaust. 
In Figure 12(a) air was always supplied to the cylinder, 

but in (b) air is not supplied. While the experimental 
estimation of starting torque is difficult on the effect of 
air leaks, the torque was at approximately 10.5[Nm] in 
supplying air to two cylinders and 6.8[Nm] in supplying 
air to one cylinder, at 0.5[MPa] of air supply pressure. 
The classification of the cut-off angles, the number of 
cylinders, and the valve types is shown below. 

(a)2 cylinders supplied (b)Not supplied 
Figure 12  Starting Torque 

(1) ex 0.244 [rad]
 2 cylinders supplied 
(2) ex0.244 0.500 [rad]
 1 or 2 cylinders supplied (genuine, remodeled #1) 
(3) ex0.500 0.745 [rad]
1 cylinder supplied (remodeled #2) 
(4) ex0.745 [rad]   
0 or 1 cylinder supplied (remodeled #3) 

In some cases of the remodeled #3, air was not 
supplied so that it doesn’t rotate theoretically. Actually, 
the leaked air may come into the cylinder to rotate it. 
But practical use should be restricted. For the remodeled 
#1 and #2, air is always supplied to the cylinders, but 
the starting torque is lower than the genuine valve. 
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Starting characteristic 
Figure 13 shows the experimental results for the 

starting characteristic of the genuine valve and 
remodeled #3 applying the step input of air supply 
pressure. 
It shows the genuine valve has the better starting 

characteristic than the remodeled #3. This is caused by 
the number of cylinders supplied air. For the genuine 
valve, two cylinders are usually supplied and for the #3, 
just one cylinder is. For the other remodeled types, the 
ducts connected to the cylinders are shut off longer than 
the genuine valve by increasing the Cut-off angles so 
that the amount of air supply reduces when step input 
begins. This makes the starting characteristic worse. 
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Figure 13  Comparison of Starting Characteristic 

PROPOSING NEW REMODELING 

The deteriorations due to the remodeling were 
enumerated in previous chapter. In this chapter, new 
remodeling for the same level of performance in both 
rotations is proposed. 
Remodeling only rotary valves has limitation for the 

same level of performance in both rotations. Many 
practical uses may require the performance of backward 
rotation so that new design with remodeling casings and 
rotary valves was developed. The outline is shown in 
Figure 14 and its casing in section is shown in Figure 
15. 

One-way valve

Cylinder 

Additional pipe

Figure 14  Outline of Casing 

Additional pipe

One-way valve

Rotary valve
Cylinder 

Duct

Figure 15  Casing in section 

Supplied air usually reaches to cylinders through 
supply-side pipes inside rotary valves and ducts. After 
working on pistons, it passes through ducts again and 
exhaust-side pipes inside rotary valves, and lets out. In 
backward rotation, however, exhaust grooves do not 
open immediately so that pistons work on air, which 
represents the generation of compression process. 
Additional pipe shown in Figure 15 in section provides 
another exhaust groove. It is considered that making a 
hole in the rotary valve along with the phase of the new 
exhaust groove allows exhaust as compression process 
occurs. The installation of the one-way valve provides 
cutting air supply off if expansion process begins during 
air supply. Without this one-way valve, expansion 
process may be prevented by supplied pressure air 
flowing in. 
This proposed design is examined by simulation. The 

two kinds of one-way valve performance used in the 
simulation are shown in Figure 16. The performance 
diagrams of the remodeled #2 giving the best efficiency 
in forward rotation and the specs having the similar 
Cut-off angle and the one-way valve #1 or #2 are 
shown.  

0 400 800 1200 1600 2000
0

2

4

6

8

10 105105

Pr
es

su
re

  (
Pr

im
ar

y 
si

de
)

P C
Pa

(g
au

ge
)

Air Consumption  l/min

One-way Valve #1
One-way Valve #2
One-way Valve #1
One-way Valve #2

Figure 16  Performance of One-way valves 

469 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



0 400 800 12000

400

800

1200

A
ir 

C
on

su
m

pt
io

n 
 l/

m
in

0 400 800 12000

400

800

1200

A
ir 

C
on

su
m

pt
io

n 
 l/

m
in

Angular Velocity    rpm

One-way valve #1  (Cal.)
Remodel  #2 (Cal.)

One-way valve #2  (Cal.)
One-way valve #1  (Cal.)
Remodel  #2 (Cal.)

One-way valve #2  (Cal.)
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The one-way valve #1 and #2 consumes more air than 
the remodeled #2. This is caused by increasing the gap 
volume because of installing the one-way valves and by 
adding the pipe connecting the one-way valves and the 
rotary valves. Reducing the additional volume provides 
the same level of air consumption with the remodeled 
#2. 
The remodeled #2 and the one-way valve #2 have the 

same level of output in the both low and high revolution 
ranges. But the one-way valve #1 has much lower 
output as the revolution increases. Figure 19 shows the 
P-V diagram to explain the reason. 
The shift of the diagram toward the right due to the 

added gap volume is shown. The smaller effective 
sectional area of the one-way valve #1 than the #2 
means no smooth exhaust. When the exhaust route 
changes from the one-way valve into the original, the 
higher cylinder pressure keeps the exhaust pressure 
higher than the remodeled #2 to reduce the output. 
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Figure 19  P-V diagram (remodeled Casings) 

CONCLUSION 

While the performance tests progressed, no 
considering the expansion of air characteristic for the 
existing pneumatic actuators was proved. Therefore this 
research was planned to improve the characteristic in 
forward rotation by remodeling the rotary valves 
working for the supply and exhaust of pneumatic motors. 
Comparing the remodeled valves with the genuine valve, 
all remodeled valves improved the output, the amount 
of air consumption, and the efficiency in forward 
rotation. The lower exhaust pressure is also supposed to 
give lower noise. The possibility of an optimal Cut-off 
angle giving a maximum efficiency was shown. 

The remodeling made the problems of the lower 
performance relating to backward rotation, starting 
torque, and starting characteristic. A feature of radial 
piston type pneumatic motors is changing the rotational 
direction with a low-cost selector valve so that the same 
level of performance in both directions is required. 
Therefore the design including the remodeled rotary 
valve and casing to give the same performance was 
developed. The simulation of the design showed the 
added gap volume and installed one-way valve work as 
the element of pressure loss so that higher efficiency 
than remodeling only rotary valve is not given. But a 
guideline was indicated. Reconsidering the shape of the 
motor and adapting the design for both rotational 
directions will reduce gap volume to give the same level 
of efficiency with remodeling only rotary valve. 
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ABSTRACT 

This paper deals with torque reduction control for an electro-pneumatic hybrid vertical positioning system composed of 
a servomotor a pneumatic and a mechanical driving sub-system. The servomotor, coupled with a ball screw connected 
to the load by nut, enables to position a load vertically. The servomotor with small capacity, as well as energy saving, is 
required for cost down. To realize its small capacity, it is important to reduce the torque of the servomotor in moving the 
load. In a pneumatic system, a pressure controller generates control signals for the supplied pressure equivalent to the 
gravitational force of the mass of the load so as to support and move the load smoothly. The torque reduction for the 
small capacity servomotor needs adequate control pressure supplied to a cylinder. In the present study, a mathematical 
model of this system has been developed by comparing calculation data with experimental results. The controller 
designed by this model has succeeded in the torque reduction of the servomotor. 

KEY WORDS  
Electro-pneumatic hybrid positioning system, Dynamic characteristics, Pressure control, Bondgraphs, Modeling 

NOMENCLATURE 

Ar : Area of rod side cylinder      [m2]
Ah : Area of head side cylinder     [m2]
C : Frictional loss coefficient      [Ns/m] 
F : Force           [N] 
g : Gravity acceleration             [m/s2]
K : Rigidity of coupling       [Nm/rad] 
Iz : Momentum of shaft     [kgm2]
l : Lead of ball screw        [m] 
M : Inertial mass         [kg] 
P : Pressure          [Pa] 
Q : Flow rate          [m3/s]
r0 : Diameter of ball screw   [m] 
v : Velocity          [m/s] 

: Rotational speed        [rad/s] 
: Torque           [Nm] 

INTRODUCTION 

A pneumatic cylinder has a difficulty to perform 
constant-speed drive and intermediate halt such as a 
hydraulic cylinder due to the compressibility that the air 
has [1-2]. Therefore, most of pneumatic cylinders are 
used with full strokes. A pneumatic servomotor to 
perform highly precise positioning has been developed 
however its control is complicated and positioning time 
becomes longer as a disadvantage.  
Therefore, in recent years, electro-pneumatic hybrid 
actuators have been developed to break off this weak 
point [3]. An atmospherics hybrid actuator has a 
mechanism in which an AC servomotor is used with a 
pneumatic cylinder, perform positioning of a cylinder 
by a servomotor and support loads by air pressure. In 
the case this actuator is applied to a transport system, 

471

Proceedings of the 7th JFPS International
Symposium on Fluid Power, TOYAMA 2008

September 15-18, 2008

P1-41

Copyright © 2008 by JFPS, ISBN 4-931070-07-X



Figure 1 Electro-pneumatic actuator 

precise positioning for a heavy load can be performed 
with a small capacitance motor. Therefore transport 
systems with low power can be realized with low cost. 
When an electro-pneumatic hybrid actuator is used 
under the condition that a load does not vary, it usually 
works with constant pneumatic pressure. However, 
when a load varies during an operation, control 
pneumatic pressure must be controlled depending on 
loads. At this time, unless the pressure control of a 
pneumatic cylinder is appropriate, torques more than the 
allowable value act on a servomotor and the actuator 
becomes uncontrollable. Furthermore, it may lose its 
control. 

In this study, to solve the above problem, the authors 
propose a feedback technique to constantly minimize 
torques acting on a servomotor based on the analytical 
model [4] of this actuator control system already 
proposed. Furthermore, we perform control experiment 
to verify adequacy of this control method and confirm 
about the torque reduction effect. 

EXPERIMENTAL APPARATUS 

Electro-pneumatic Hybrid actuator 
The electro-pneumatic hybrid actuator used for our 
experiment consisted of an AC servomotor, a cylinder, 
ball screw, hollow rod and pneumatic pressure feeding 
section as shown in Figure 1. The rotating shaft of the 
ball screw is connected with a servomotor by coupling 
and a hollow rod is connected with a nut.  
When the servomotor runs and ball screw turns, the rod 
moves up and down. On the other hand, loads are 
supported by pneumatic pressure supplied from the rod 
side of the cylinder and even a low volume servomotor 
can move heavy loads precisely with this mechanism.  
Experimental system 
Figure 2 shows experimental apparatus used for our 
experiments. An AD converter, DA converter and motor 
controller are incorporated in a PC.  
The servomotor can rotate with constant angular 
velocity with control signals from the motor controller. 
Pressure of the pneumatic cylinder and torques of the 
servomotor are measured by the AD converter. 
Operating an electro-pneumatic regulator with the PC, 
pressure is controlled by the pneumatic regulator. Load 
Mass 1 is set on the rod of the electro-pneumatic hybrid 
actuator as shown in the Figure 2. Load Mass 1 is 
supported by pneumatic pressure and rises in constant 
speed with the servomotor. When an actuator rises by 
20cm, Load Mass 2 on the table is loaded and both 

Load

Nut

Ball Screw 

Air Supply Unit 

AC Servo Motor Cylinder

Rod 

Control of  
Electronic Regulator

Pressure Transducer

Electronic Regulator 
Mass 1 

Pressure (feedback) 

Strain
Amplifier 

PC1
Servo Pack

Displacement of load
Torque  
Transducer

Servo Motor Torque 

Mass 2 

Figure 2 Experimental Equipment 
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Mass 1 and Mass 2 act on the actuator. 
Feed back control 
Torque acting on the servomotor is output as an 
electrical signal and acquired by a built-in AD converter 
incorporated in the PC. A pressure value P of the 
cylinder corresponded to the torque is calculated by 
Equation (1) and commands are transmitted to an 
electro-pneumatic regulator through a DA converter to 
control pressure of the pneumatic cylinder. 

Al
PP 2

0    

SIMULATION 

Analytical model
We built an analytical model of our actuator control 
system. We used the bond graph approach as a 
simulation technique. The bond graph approach is one 
of the modeling techniques in which flow of power is 
focused and even a mixed system is expressed integrally 
as an advantage [5-7].  
Figure 3 shows a system model of the electro-pneumatic 
hybrid actuator for which the experimental apparatus is 
expressed in the bond graph. A pneumatic cylinder 
transforms pneumatic pressure into a mechanical force 
therefore we modeled it by TF: Cylinder_rod_side 
element. An inertia of load, gravity and friction drag of 
a cylinder were modeled by I: Mass, Se: Gravity and R: 

Loss elements, respectively. The head side of the 
pneumatic cylinder was opened to the atmospheric 
pressure therefore it was expressed by Se: Atmosphere 
element. On the other hand, a servomotor controls 
revolution speed therefore it was modeled by Sf: Motor 
element. Power supplied by a motor was affected by 
torsional rigidity and the rotating shaft’s moment of 
inertia and was transmitted to the ball screw. The ball 
screw transformed rotary motions into linear motions 
therefore it was expressed by TF: Ball_Screw element. 
Effects of friction and an elasticity at the ball screw 
were modeled by C: Elasticity_Bscrew element and R: 
Loss_Bscrew element. To perform control, pressure 
values were calculated by substituting torques 
consumed in SF: Motor element into Equation (1). The 
torques were input as pressure values of Se: Regulator 
element. Pneumatic compressibility was not considered 
for this model. 
Property equation 
Property equations of each element used for this study 
are shown below. 

TF: Cylinder_rod_side element, 

2APF           (2) 

AVQ            (3) 

Se: Gravity element 
gMF lg           (4) 

:Atomosphere

:Regulator
:Cylinder_rod_side

:Cylinder_head_side

:Elasticity_Bscrew

:Coupling

:Inertial_Mass

:Inertial_Moment

:Ball_screw

:Servomotor

:Loss:Gravity

C

F
V

Vc

C

’ ’

F’ V’

FR Fn

VR
:Loss_Bscrew

P0

s

Figure 3 Bond graph model
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R: Loss element 
)01.001.0( VorV

CVF           (5) 
)01.001.0( V

.constF           (6) 
It was difficult to theoretically obtain friction coefficient 
C used for the definitional equation of R: Loss 
element-type (8) therefore friction coefficient C was 
determined by the experiment in this study. Moreover, 
for a threshold value, we used the smallest traveling 
speed of the cylinder that could be measured in the 
experiment. 

I: Inertia_Mass element

dtF
M

V
l

1      (7) 

C: Elasticity_Bscrew element  

dtVKF cnn        (8) 

R: Loss_Bscrew element

RBR VCF        (9) 
TF: Ball_screw element 

c
llV

22
     (10) 

Fl
2

         (11) 

I: Inertial Moment element 

dt
I z

1         (12) 

2
002

1 rMI z      (13) 

C: Coupling

dtK ccc        (14) 

Sf: Servomotor element 
const     (15) 

Analysis result and verification of adequacy 
Table 1 shows parameters analyses and experiments. 
Analysis and experimental results in the case that 
feedback control was performed are shown in Figure 4 
and analysis and experimental results in the case that 
control was not performed are shown in Figure 5. 
Comparing the two figures, it is understood that torques 
of a servomotor are reduced when feedback control is 
performed. Similar results have been obtained from the 
analyses and experiments therefore it is understood that 
a control system of an electro-pneumatic hybrid actuator 

can be analyzed by this simulation model. 
As a behavior of the servomotor’s torques, it has been 
understood that at first, a large torque acts on a 
servomotor with a constant load when it begins rising 
and then it rises with a constant torque. Subsequently, a 
large torque acts on the servomotor when the load 
suddenly changes and then the load rises with a constant 
torque. 

Table 1 Simulation parameters 
Parameters Value 

Valve effective area [m2] Ae 1.2×10-5

Ratio of the specific heat of air [-] K 1.4

Initial temperature [K] T0 293

Gas constant [J/kg K] R 287.3

Cross sectional area of cyl. [m2] A 2.6×10-3

Supplied pressure [MPa] P1 0.224

Weight [kg] Ml 31.7

Elasticity of the nut [Nm/rad] Kn 1.1×10-8

Lead of the ball screw [m/r]  l 10.0×10-3

Inertial Moment [kgm2] Iz 4.06×10-5

Elasticity of coupling [Nm/rad] Kc 120.9

Rotational Velocity [rpm] 250

Mass 1 [kg] m1 10

Mass 2 [kg] m2 10

Figure 4 Calculation results (Feedback control) 
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VERIFICATION OF SERVOMOTOR TORQUE 
REDUCTION BY EXPERIMENT 

Experimental parameters are shown in Table 2. Figures 
6, 7 and 8 show the maximum torques that act on the 
servomotor when feedback control was not performed 
and Figures 9, 10 and 11 show the maximum torques 
that act on the servomotor when feedback control was 
performed. 
When feedback control was not performed, the rise of 
the torques in sudden load variations exceeded the rated 
torque 0.3[Nm] of the servomotor in almost all cases. 
However, when feedback control was performed, in the 
case that Mass 1 was 10kg and 30kg and Mass 2 was 
10kg or 20kg, the torque did not exceed the rated torque 
even when the rotating speed was 1500rpm. 
Furthermore, even when Mass 1 was 50kg however 
Mass 2 was 10kg, the servomotor worked within the 
rated torque even in the case that the rotating speed 
raised to 1000rpm. Therefore, the feed back control 
method we have proposed in this study is effective for 
reduction of torques acting on a servomotor, the authors 
believe. 

Table 2 Experimental Parameters  
No. Mass1 

[kg] 
Mass2 [kg] Rotational Vel. 

[rpm] 
1 10 10,20,30 250-2000 
2 30 10,20,30 250-2000 
3 50 10,20,30 250-2000 

Figure 6 Mass1 10kg (without control) 

Figure 7 Mass1 30kg (without control) 

Figure 8 Mass1 50kg (without control) 

Figure 9 Mass1 10kg (with control) 

Figure 10 Mass1 30kg (with control) 
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Figure 11 Mass1 50kg (with control) 

Figure 12 Power consumption (with control) 

Figure 13 Power consumption (without control) 

Table 3 Energy consumption 

The time dependencies for energy consumption of the 
servomotor with and without feedback control are 
shown in Figure 12 and Figure 13, respectively. When 
the actuator was driven using feedback control, large 
power is consumed during the starting period and 
pressure fluctuation becomes large. It is caused by time 
delay of the pressure control using feedback control. 

Compared these two results, smaller amount of power is 
consumed under the feedback control. Table 3 shows 
energy consumptions during one stroke. Energy 
consumption of the servomotor with feedback control is 
half of that without feedback control. Therefore, it has 
been found that torques acting on a servomotor can be 
reduced by this control method.  

CONCLUSION 

We have proposed a feed back control method for an 
electro-pneumatic hybrid actuator. An analytical model 
of an actuator control system was already proposed 
however we have reverified its adequacy. Furthermore, 
as a result of the experiment for effects of the feed back 
control method, it has become able to operate the 
actuator within the rated torque range of a servomotor. 
The above result has revealed that it has become able to 
control a servomotor at the minimum value 
continuously. Moreover, it has been found that torques 
acting on a servomotor can be reduced by this control 
method.  
This study has been supported by SMC Co., Ltd. for 
experimental equipment and so on. We would like to 
thank here for their cooperation. 
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ABSTRACT 

The technology of on-off solenoid valves is now considered as a core technology in the fields of the production line of 
semi-conductor chips and the micro fluid chips for medical applications. And on-off solenoid valves, which operate by 
compressed air, are characterized by high speed response, great repeatability and that the pressure on the cross sectional 
area of poppet is kept constant regardless of the fluctuation of the pressure exerted on the ports. The primary objective 
of this study is to compare the optimally designed solenoid valve with the actually produced one and to design a power 
saving circuit which can highly improve the efficiency by providing optimal current according to mechanical load. The 
power saving circuit can be adopted into the 0.35Watt micro valve which has been developed through this study and 
lower the power consumption of the valve to 0.1Watt. The absorbing force at 0.3mm stroke, the initial stroke of Plunger 
and Core, is very large. But the absorbing force at 0mm stroke when Plunger and Core are tightly stuck to each other is 
several newtons lower than that at the initial stroke, the valve still performs stable and flawless though. It means that 
with lower current consumption, it still performs stable. Based on that, we’ve designed the power saving circuit. 

KEY WORDS  

Micro valve, Solenoid, Power saving circuit, Design, High speed response, Great repeatability 

INTRODUCTION 

Recently, as new computer systems and various 
controlling technologies are being developed, on-off 
solenoid valves are able to be more precisely controlled 
and the application areas, including semi-conductor chip 
mounter, electronics production line, bearing 
auto-transmission line, injection molder, fatigue and 
vibration tester and etc., are getting diverse. Especially, 
the technology of on-off solenoid valves is now 
considered as a core technology in the field of 
technology-intensive process development such as 
semiconductor industry, and many studies are being 
conducted to design ones meeting the basic 
requirements for the improvement in the aspects of high 

performance, low price, long life-time, high reliability 
and ergonomics and the compatibility with the 
environment[1]. 
In this study, we carry out the optimal design and 
modeling of a on-off solenoid valve and analyze it using 
Maxwell, a commercial analysis program, and then, 
after actually producing the valve, demonstrate the 
feasibility of its optimal design by comparing the 
simulation data of its optimal design with the data of its 
actual product. 
Besides, we design a power saving circuit which can be 
adopted into the 0.35Watt micro valve which is 
developed through this study and lower the power 
consumption of the valve to 0.1Watt. 
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STRUCTURE & OPERATING MECHANISM 

Figure 1 shows a schematic diagram of a micro valve. 
The major components of a micro valve include poppet 
which controls the direction of compressed air, plunger, 
stationary core and spring, o-ring which prevents 
leakage and gasket. 
The basic operating mechanism of micro valves is as 
follows: when turn on the current in solenoid, poppet 
moves forward by the electromagnetic power and 
compressed air starts to flow from supply port to 
pressure port and when turn off the current in solenoid, 
poppet moves backward by spring force and supply port 
closes and the air is then expelled out of exhaust port. 
Based on this mechanism micro valves perform high 
speed reciprocating movement. 
Table 1 shows the design specification and performance 
specification of the micro valve designed in this study.

Figure 1 Schematic Diagram of Micro Valve 

Table 1 Design Specification 

Item Value Unit 
Supply Pressure 3 bar
Supply Voltage 24 V
Electric Power 0.3 W

Port 3
Stroke 0.3 

Coil Turn Number 6,500 turn 
Coil Diameter 0.04

Coil Resistance 1.5 k
Response Time 2

Temperature Rise Value 50
Magnetic Force 4.3 N
Spring Constant 0.015 N/

DESIGN THEORY AND MAGNETIC FIELD 
ANALYSIS OF SOLENOID VALVE 

Solenoid Design Theory 

The two key technologies for micro valves are solenoid 
technology and poppet technology. As for solenoid 
design, a field analysis is the most important factor. The 
absorbing force(F) induced by solenoid can be obtained 
from the eq. (1)[2~3]. 

][
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F g
g                          (1) 

where is the air gap flux density by permanent 
magnets, and 

gB
0  is the magnetic permeability. 

From the eq. (1), the cross-sectional area of the movable 
element (S) can be expressed as the eq. (2). 
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7108
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[ ]                                (2) 

The radius of the movable element ( 1 ) can be 
calculated by 2

01 /)2( gBF  and the 
magnetomotive force (U) can be obtained from the eq. 
(3). 
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The following eq. (4) show the correlations among the 
value determining the coil space (h), temperature (T), 
temperature rise values ( f and fi ). 

[ ]
)2/()( 2 hlRI mf

[ ]                 (4) 
2)/()2/( hNITqpfi

where f is final temperature rise value, fi is
continuous certain temperature rise value, and is 
the width of the coil (

NI
/h ) . 

From the eq. (4), the height of the coil ( h ) can be 
expressed as the eq. (5). 
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where is time rating, q p  is copper wire resistivity, 
is coil’s thermal diffusivity coefficient, and  is 

coil’s space factor. 
The internal and external diameters of the coil ( , )
should be determined. Since the internal diameter ( )
is determined by the external diameter of movable 
element plus coil’s clearance plus Bobbin’s thickness, 

= +T and V=IR, then we can derive the eq. (6). 

'
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 [V]                          (6) 
Therefore, the wire diameter of the coil ( ) can be 
obtained from the eq. (7). 

d
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2

'
1 V

NIpd
[mm]                    (7) 

Thus, the number of coil layers ( ) and the coil turn 
number ( ) can be calculated from  and 

, respectively. 

m
N dTm /

mdhN )1)/((
For temperature rise value, exciting current ( ) should 
be previously determined. The mean length ( ) and the 
total length ( ) of the coils can be calculated from the 
eq. (8). 
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The coil resistance at 20  =  resistance 
coefficient, the coil resistance at 100  =

tl
cR314.1 ,

exciting current , and magnetomotive 
force . Therefore, temperature rise value is 
determined by

hh RVI /
hNIU

f .

Solenoid Modeling and Analysis Results 
In order to analyze the solenoid part of the micro valve, 
we conducted the solenoid modeling as shown in Figure 
2. Figure 2 ~ Figure 6 shows the analysis results about 
the static and dynamic characteristics of the micro valve 
by the solenoid.  Figure 2 ~ Figure 6 indicate that it 
starts to operate at 2ms. 
As you can see in Figure 6, the overall changes in the 
current can be largely divided into 3sections: A, B and C. 
In A section, the movement of the plunger is very little 
and the current is increasing. In B section, the 
movement of the plunger is getting faster and the 
current is decreasing. And C section indicates the state 
after the movement of the plunger is done. 

Figure 2 Modeling of Solenoid 

Figure 3 Force vs. Time 

Figure 4 Position vs. Time 

Figure5 Speed vs. Time 
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Figure 6 Branch Current 

EXPERIMENTATION OF ON-OFF MICRO 
VALVE 

Development of Solenoid Valve 
Based on the solenoid modeling above, we produced an 
actual micro valve as shown in Figure 7. Besides, in 
order to determine the performance of the actual micro 
valve, we developed the performance testers as shown 
in Figure 8. 

Figure 7 Micro Valve Parts 

Figure 8 Performance Testers 

Micro Valve Tests 
Table 2 lists the results of the performance tests of the 
micro valve that we actually produced in this study and 
they are found to be similar to the results from the 
previous Maxwell simulation. 

Table 2 Performance Tests 

Item Value Unit 
Supply Pressure 3 bar
Supply Voltage 23 V
Electric Power 0.345 W
Port 3
Stroke 0.3 
Coil Turn Number 6,700 turn 
Coil Diameter 0.04
Coil Resistance 1.6 k
Response Time 3
Temperature Rise Value 50
Magnetic Force 3 N
Spring Constant 0.015 N/

Reliability Test of Micro Valve 
Figure 9 shows the result of the surge current test and 
surge current occurs by the effect of different types of 
load such as voltage and power. If the open-and-close 
motion due to such mechanical characteristics is 
repeated several times, the same response concurrently 
occurs when ON/OFF is repeated. [4] 
Figure 10 shows the result of the magnetic force test 
which was conducted by determining the force on the 
plunger with load cell after supplying the solenoid 
DC24V power and moving the plunger downward and 
upward. As the result, about 3Nof absorbing force was 
observed to be occurring. 
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Figure 12 Flow Capability Test 

Figure 11 illustrates the graph of the test results of the 
dynamic response and demonstrates the fast dynamic 
response by showing that it takes 3m for the pressure on 
the bottom to lift up to 80% of 3bar after opening the 
valve. 
Figure 12 shows the results of the flow capability test 
which was performed under the condition of 3kgf/cm2 
operating pressure after opening the valve. This graph 
illustrates that the pressure decreases from 3(bar) at 
11.4(s) to 0.62(bar) at 20.16(s). That is to say, it takes 

8.76(s) for the pressure to decrease from 3(bar) to 20% 
of it, 0.62(bar). The effective cross-sectional area(S) is 
0.1mm2 and Cv is 0.0059. 

MICRO VALVE WITH POWER SAVING 
CIRCUIT 

Power Saving Circuit Design 
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Figure 13 Power Saving Circuit Diagram 

This power saving circuit can be adopted into the 
0.35Watt micro valve which has been developed 
through this study and lower the power consumption of 
the valve to 0.1Watt.  
. The absorbing force at 0.3mm stroke, the initial stroke 
of Plunger and Core, is very large. But the absorbing 
force at 0mm stroke when Plunger and Core are tightly 
stuck to each other is several newtons (N) lower than 
that at the initial stroke, the valve still performs stable 
and flawless though. It means that with lower current 
consumption, it still performs stable. Based on that, 
we’ve designed the power saving circuit. 
For the valve without the power saving circuit (V1, I1), 
with 24V input, 15mA current flows in the coil. 
However, for the valve with the power saving circuit 
(V2, I2), approximately 5mA current flows in the coil 
and the current can be controlled by adjusting the 
element values 
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Power Saving Function Test of Power Saving Circuit 

Figure 14 Power Saving Circuit 

Table 3 Comparison between Micro Valves With and 
ithout the Power Saving Circuit  W

Case Power
(V) 

current
(A) 

Power
Consumption
(Watt) 

24V 23 0.015 0.345 

24V with the power 
saving circuit 23 0.0045 0.1035 

The power consumptions in Table 3 were calculated 
after determining the current when the plunger and the 
core were close to each other. From Table 3, we can see 
that the power consumption decreased from 0.345 Watt 
to 0.103 Watt. 

CONCLUSION 

In this study, we evaluated the performance of ultra 
power saving type pneumatic on-off micro valves 
through characteristic analysis and experiments and 
obtained the results as follows:  

1. We designed a micro valve using the equivalent 
magnetic circuit method and analyzed it using Maxwell 
program and then, after actually producing the micro 
valve, demonstrated the feasibility of its optimal design 
by comparing the simulation data of its optimal design 
with the data of its actual product. As the result, the data 
of its actual product was found to be similar to the data 
of its optimal design.   
2. It was demonstrated that strong enough 
electromagnetic force (3N) was exerted on the solenoid 
for the poppet to have the initial stroke (0.3mm) as high 
speed response (3ms) and any electromagnetic force 
was not emitted outside by yoke.   
3. We equipped the 0.35Watt micro valve that we 

produced in this study with the power saving circuit and 
then calculated the power consumption by supplying 
power and determining the current when the plunger 
and the core were close to each other (i.e. at 0mm 
stroke). As the result, it was demonstrated that the 
power consumption decreased from 0.345 Watt to 0.103 
Watt. 
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ABSTRACT 

With the development of virtual reality technology, portable force feedback dataglove plays an important role in virtual 
assembly and telepresence system. Angle measurement is a basic function of force feedback dataglove, in which the 
measurement accuracy and calibration are often considered as unsolved problems in previous research. For solving 
these problems, some work is conducted with an exoskeleton force feedback dataglove using pneumatic artificial 
muscles as actuators. First, a measurement model of the finger flexion angle based on the theory of four-bar-linkage 
motion stabilization is built. The effect of structure parameter of linkage on the angle measurement and force feedback 
is analyzed, which has provided a help for the choice of linkage parameters and improved the accuracy of measuring 
angle. Then a new calibration method, which is called the “four-posture calibration” based on standard block and 
genetic algorithm, is proposed. Taking index finger as an example, the process of calibration is introduced in detail. 
Experiment has shown that with the new calibration method more accurate results can be obtained than that in previous 
work. 

KEY WORDS  

Virtual reality, Force feedback, Dataglove, Calibration 

INTRODUCTION 

Virtual reality can be defined as the user’s real-time 
multimodal interaction with a computer-generated world, 
which provides a real-time immersive environment that 
integrated several new communication modalities, such 
as stereo graphics, three-dimensional sound, force or 
tactile feedback and even taste and smell, by means of 
hardware such as head mounted display, stereoglass, 
dataglove, etc. By providing these sensorial interactions, 
virtual reality makes the user feel immersed in the 
simulation or application of the virtual environment. 
Current applications of virtual reality include virtual 
assembly, teleoperations and robotic control, etc. 

In recent years, haptic interface, especially the portal 
force feedback dataglove[1~4] has been attracting great 
attention. Dataglove, measuring directly or indirectly 
joint angles of human hand and driving a virtual hand, 
provides a real-time interaction between user and virtual 
environment in a natural manner. The quality of 
interaction is much dependent on the accuracy of angle 
measurement. However, human hands are different in 
sizes and shape and the glove wearing positions are 
often changed more or less with different persons or at 
different time. This will cause measurement errors. In 
order to decrease the measurement errors caused by the 
hand sizes and wearing positions, dataglove must be 
calibrated before use. The structure of dataglove and the 
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calibration results have much affection on the accuracy 
of measurement.  
For solving problems above-mentioned, some research 
work is conducted with an exoskeleton force feedback 
dataglove using pneumatic artificial muscles as 
actuators. The research work involves designing the 
whole structure of a dataglove, building a measurement 
model of the finger flexion angle, suggesting a new 
calibration method named the “four-posture calibration” 
and making necessary experiments.  

FORCE FEEDBACK DATAGLOVE 

The force feedback dataglove shown in Fig.1 can be 
used to measure the flexion angles of the thumb, index 
and middle fingers, and provide force feedback with 
every joint. The work principle of single joint is shown 
in Fig.2.  

Figure 1 Force feedback dataglove 

angle
sensor

sheathtendonforce
sensor

pipecoreouter shell guide rail

soft spring air chamber

tendon

Figure 2 Work principle of single joint 

The process can be described as follows. When a hand 
moves naturally, the angles of links are measured by the 
angle sensor and the flexion angles of joint are 
calculated according to the trigonometry of the links. 
The brake air chambers in deflation condition are not in 
contact with the outer pipe and only the smooth air 
chamber slider is in contact with the outer pipe. 
Therefore the friction is less. A rope drives pneumatic 
muscle to move with brake air chamber so as to 
compress the spring. When the hand moves from flexion 
to extension, the compressed spring makes the muscles 
and brake air chamber go to the original position. When 
virtual hand grasps the object in the virtual environment, 
the inflated air chamber is braked when contacting the 
outer pipe. Then, the pneumatic muscle is inflated 
according to the forces calculated from the virtual 
environment. The user thus feels the force feedback 

sensation. The force sensor could measure the value of 
force and provide the feedback control. 
The measurement mechanism and force feedback of 
single joint are shown in Fig.3. The planar four-bar 
mechanism is composed of one active joint O1 and three 
passive joints. The angle relation between linkages is 
unique, i.e., if one angle is known, the other angles can 
be solved according to the trigonometry. The four-bar 
mechanism consisting of finger phalanx and linkages is 
equal to the four-bar O1ABC. The angle between the 
linkage AB and BC is measured by a non-contact 
magnetoresistance sensor. The relation between the joint 
flexion angle and is indicated in Eq. (1) according 
to the law of cosines. 
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Where 2 and 3 are invariable and determined after the 
dataglove wearing, ih ( i 1, 2, 3, 4) are the calibrating 
parameters. 
The output force of pneumatic muscle exerts on the 
finger through the tendon-sheath system. The torque at 
finger joint is: 

2 2 2 2
1 2 3 4 1 1sin /(2 sin )

2m mF h h h h l  (5) 
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Figure 3 Measurement mechanism and force feedback 
of single joint 

 ANALYSIS OF STRUCTURE PARAMETER  

From Eq. (1), (5), it can be seen that the measurement of 
flexion angle and torque are related to the link length. 
The angle  is calculated by the angle according to 
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the trigonometry. The angle range of finger flexion is 
definite. At the finger flexion range, the larger the 
variation of link angle is, the higher the measurement 
accuracy of . Eq. (1) can be expressed as the 
following after derivation and simplification: 

2 3
2

1

(sin( ))
sin

abdk
d l

 (6) 

The coefficient k denotes the ration of  to in unit 
time. The bigger the coefficient k is, the larger the 
variation of corresponding to the unit variation of .
The force feedback of dataglove can be realized if the 
torque at the finger joint caused by contraction force of 
muscle is equal to the drive torque. When the output 
force of artificial muscle is definite, the longer the arm 
of force at the joint is, the bigger the torque and the 
heavier the grasping object. The effect of structure 
parameter can be analyzed using the torque at the joint 
caused by the unit force of muscle. 
The structure parameters of four-bar mechanism include 

1l , 1 2 3 4, , ,h h h h shown in Fig.3. Taking PIP joint of index 
finger as an example, the effect of linkage parameter on 
the coefficient k and the torque of unit contraction force 
is analyzed as follows. 
The value of 1 2 3 4,h h h h is 15,10,15,10mm respectively, 
and the value of 1l is 25,30,35mm respectively. The 
coefficient k shown in Fig.4a) is decreased with the  
increase of 1l . The torque is shown in Fig.4b). The 
variation of 1l has no effect on the torque. In view of 
angle measurement, the length 1l of link should be as 
small as possible. 
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Figure 4 Effect of 1l

The value of 2 4 1,h h l is 10, 10, 30mm respectively, and 
the values of 1 3,h h are 12, 15, 20mm respectively. The 
coefficient k shown in Fig.5a) is increased with the 
increase of 1 3,h h . The torque is shown in Fig.5b). The 
torque is increased with the increase of 1 3,h h . From the 
analysis above, the length 1 3,h h of link should be as big 
as possible. 
The value of 1 3 1,h h l is 15, 15, 30mm respectively, and 
the values of 2 4,h h are 8, 10, 12mm respectively. The 
coefficient k shown in Fig.6a) is increased with as the 
increase of 2 4,h h  . The torque is shown in Fig.6b). The 
torque is decreased with the increase of 2 4,h h . From the 

analysis above, the length 2 4,h h of link should be as 
small as possible, but the variation of 2 4,h h  has less 
effect on the coefficient k and torque. 
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From the analysis above, it can be seen that the length 
1l  only has effect on the angle measurement and its 

value should be as small as possible. However the value 
of 1 3h h  should be as big as possible. In view of 
decreasing the whole weight, the values of every link 
parameter should be as small as possible. In the 
meantime, every parameter should meet the constraint 
condition as follows: 
1. When the finger flexion angle is 0°, the sum of 1l
should be greater than the sum of 2h and 4h , that is: 

1 2 42l h h (7) 

2. When the finger flexion angle is 90°, the following 
condition should be met: 

2 2
1 1 4 2 32 ( ) ( )l h h h h (8) 

3. When the finger flexion angle is 90°, the distance 
from O1 to AC should be greater than 0. That is: 

2 2 2 2 2 2
1 2 3 4 1 4 2 3( ) ( )h h h h h h h h (9) 

And 
1 2h h  or 3 4h h (10) 

Because the diameter of finger and the length of finger 
phalange are different and their values are not easy to 
measure accurately, the values of structure parameter 
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1 2 3 4,h h h h are only approximately estimated and 
determined through calibration after wearing the 
dataglove. The values 1l at DIP, PIP, MP joint of index 
and middle finger are 25, 30 and 35mm respectively. 
The values 1l at DIP, PIP joint of thumb finger are 25, 
35mm respectively. The distance from point A or C to 
the surface of finger is 17mm. 

CALIBRATION OF DATAGLOVE 

Calibration method 

Calibration is the initialization of angle measurement, 
which is indispensable before using the dataglove. The 
lengths of the linkage AB and BC are known. The 
mapping relation between and  can be calculated as 
long as the values of 1 2 3 4,h h h h  are known. The hand 
size of a person varies and therefore the relative position 
of the glove with respect to the hand varies with each 
wearing. The size and geometry of a hand and the 
relative position of the glove with respect to the hand 
together determine the values of 1 2 3 4,h h h h . Dataglove 
should be calibrated to obtain the real values 
of 1 2 3 4,h h h h before use. 
For the exoskeleton dataglove, the two-posture 
calibration method[3,5] is adopted in the previous 
research which supposed that the value of 2h  is equal to 
the value of 4h  or that the values of 1 3,h h  are known. 
But it is difficult to ensure the complete equality of the 
value of 2h and 4h  and measure the length of 1 3,h h
accurately. This causes a bigger calibration error and 
then affects the measurement accuracy of finger flexion 
angle. 
In order to decrease the calibration error,  the dataglove 
is calibrated using the four postures of hand, which is 
constrained by the standard block in Fig.7 with four 
known angles (0°,30°,60°,90°). Then set the finger joint 
to the known positions respectively, relate the sensor 
values to those known positions and get four group 
angles ( , ). Thus the parameters 1h , 2h , 3h , 4h  are 
calibrated by the above four group angles. 
Eq. (1) can be expressed as the following equation 
group including the above four group angles. For i = 1, 
2, 3 and 4 

)(cos2 3142
2

4
2

3
2

2
2

1 hhhhhhhh i
2

13241 ))2/sin(2()(sin2 ii lhhhh (11)

The solution of the nonlinear equation group (11) can be 
converted into an optimization problem and solved by 
the genetic algorithms. Simulation and experiment 
results demonstrate that more accurate calibration 
parameters and smaller calibration errors [6] can be 
obtained by the calibration method based on the genetic 
algorithms. 

Figure 7 Standard block 

Calibration process 

Because there is the same structure with the index and 
middle finger, in this paper it is reasonable to take index 
and thumb finger as an example for introducing the 
calibration process and results. Moreover only the 
calibration of PIP joint of index finger is introduced in 
detail since the calibration process for every joint is the 
same. In order to clearly illustrate the calibration 
process, in Fig.8 only one finger is demonstrated 
wearing the exoskeleton dataglove. The calibration 
process of wearing the whole dataglove is identical.  
When wearing the dataglove, firstly, the index finger 
should stretch and put on the side of the standard block 
shown in Fig.8a). Write down the angle corresponding 
to the joint flexion angle when it equals to 0 degree. 
Then bend the joint to the other angle of standard block 
in turn and write down the angle  respectively shown 
in Fig.8b), c), d). In this case for Fig.8, the four group 
angles( , )are (0°,34.43°),(30°,58.34°),(60°, 81.04°), 
(90°,100.01°). 
After obtaining the above four group angles, the next 
step is to measure the values of every parameter with 
ruler approximately. The upper and lower limits of 
parameters are determined according to the measuring 
values, which are as follows: 

1 2 3 420 30;5 12;20 30;7 15h h h h (12) 

Besides the Eq. (7) ~ (10), the constraint conditions 
should also include the following conditions according 
to the wearing position. 

1 3 2 4&h h h h (13) 

Solved by the genetic algorithms, the calibration results 
of PIP joint are shown in Table 1. Emax is the maximum 
error between the finger flexion angle calculated 
through calibration results and the angle of standard 
block. 
The four group angles( , ) of MP joint for index 
finger are (0°, 60.08°), (30°, 85.41°) (60°, 109.3°) (90°, 
128.4°) respectively. Because the value 3h of PIP joint 
has been obtained by calculation, the upper and lower 
limit of 1h for MP joint can be reduced. The upper and 
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lower limit of other parameter is determined according 
to the values measured using ruler. They are as follows: 

1 2 3 424.99 26;20 25;25 30;10 16h h h h  (14) 

The constraint conditions should include the following 
conditions according to the wearing position. 

1 3 4 2&h h h h (15) 

The calibration parameters of MP joint are shown in 
Table 1. 

a) 0° 

b) 30°

c) 60° 

d) 90° 

Figure 8 Calibration of PIP joint for index finger 

The range of flexion angle for DIP joint (0~70°) is 
smaller than that for PIP and MP joint and unable to 
bend to 90°. The angles of DIP joint are not accurate 
when the finger bends to the standard block. In the 
research of Lee [7], it is demonstrated that the relation 
of flexion angle between PIP and DIP joint is described 
in following formula: 

20.46 0.083DIP PIP PIP  (16) 

The flexion angle of DIP joint can be calculated by the 
flexion angle of PIP joint according to Eq. (16) and the 
corresponding link angles are written down. The 
upper and lower limit of 3h  for DIP joint can be 
determined according to that of 1h  for PIP joint. The 
constraint conditions should include the condition 

1 3h h . The calibration parameters of DIP joint are 
shown in Table 1. 
After finishing the calibration, the length of MP and PIP 
phalange can be obtained. The distance between the two 
axes of base is 10mm. The length of MP Phalange, 
42.96mm, is the sum of 4h for PIP joint, 2h for MP joint 
and the base length. The length of PIP Phalange, 
24.2mm, is the sum of 4h for DIP joint, 2h for PIP joint 
and the base length. The variation of the ratio of every 
phalange’s length to the metacarpal’s length is only 1- 
2%. The length of DIP phalange, 16.72mm, can be 
calculated according to the length of MP and PIP 
phalange and the ratio [8]. The accurate value of every 
phalange is obtained through calibration, so the driving 
torque can be calculated by the flexion angle and the 
values of each phalange [9]. 

Table 1 Calibration results 

1h 2h 3h 4h  Emax(°)

DIP joint of index finger 20.0002 7.1250 22.2694 7.1270 0.6 

PIP joint of index finger 22.4364 7.0564 24.9915 10.5156 0.3 

MP joint of index finger 24.9985 22.4404 28.6205 11.9180 1 
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The calibration process of DIP and PIP joint for thumb 
finger is almost the same to that of index finger. The 
range of flexion angle for DIP and PIP is 0~75 or 90°. 
The four-posture calibration is adopted if the finger can 
bend to 90°. If the finger can’t bend to 90°, the 
three-posture (0°, 30° and 60°) calibration is adopted, 
but the error would be increased. The maximum error is 
less than 1.5°, which is a satisfied accuracy to the 
application of virtual reality (e.g., for telerobotics, 
virtual assembly). 
When the finger bends to the angle of standard block, in 
order to prevent the difference between the actual 
flexion angle of finger and standard angle, the method 
of averaging the multi-measurement values is adopted 
to decrease the errors. 

CONCLUSIONS 

Focus on the problems in the measurement accuracy and 
calibration, an exoskeleton force feedback dataglove is 
developed using pneumatic artificial muscles as 
actuators and some theoretical and experimental work 
are conducted with the dataglove. First, a measurement 
model of the finger flexion angle based on the theory of 
four-bar-linkage motion stabilization is built. The effect 
of structure parameter of linkage on the angle 
measurement and force feedback is analyzed, which has 
provided a help for the choice of linkage parameters and 
improved the accuracy of measuring angle. Then a new 
calibration method, which is called the “four-posture 
calibration” based on standard block and genetic 
algorithm, is proposed. Taking index finger as an 
example, the process of calibration is introduced in 
detail. Experiment has shown that with the new 
calibration method more accurate results can be 
obtained than that in previous work. In addition, the 
actual size of each phalange can be obtained as 
appendix, which can solve the calculation of driving 
torque of dataglove. 
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ABSTRACT 
The utilization of mobile rescue robots in dynamic environments decreases the risk to emergency personnel in the field. 
Recent efforts to improve rescue robot design by using new fluid-power technology provide opportunities of studying 
the changes in metrics of human-robot interaction (HRI), such as trust. Trust is one of the most critical factors in urban 
search and rescue missions because it can impact the decisions human make in uncertain conditions. This research is to 
develop an instrument that can be used to measure trust in human-robotic interaction, which will allow us to collect data 
for building a quantitative model of trust in HRI. As the first step in this effort, a pilot study was conducted to determine 
the validity of an instrument to measure the appropriate dimensions of trust in this new human-robot system. 

KEY WORDS 
Human-Robot Interaction, Rescue Robot 

INTRODUCTION 
Urban search and rescue (USAR) missions are 
becoming more and more important in recent years, 
From the collapse of the World Trade Center towers to 
Hurricane Katrina, resuce missions are oftern done in 
hazardous environments. To avoid putting emergency 
personnel in harm's way, the use of mobile robots is a 
good alternative. Untethered robots are intelligent and 
have good maneuverability in conditions and 
environments that may otherwise be potentially 
hazardous to humans. Rescue robots are often used to 
gather and transmit vital information about their 
location and operational status to their remote 
operator(s). It may detect victims, check for signs of life 
using cameras, microphones and sensors, and even 
provide minor aid if possible. The cooperative relation 
between operator and robot enhances the coordination 
of search and rescue efforts and can increase the 
chances of lives being saved. Although there are many 
different types of rescue robots used in urban search and 
rescue, most untethered search and rescue robots are 
commonly powered by batteries that run out quickly and 
electric motors that do not provide enough force or 
power for rescue missions over extended periods of time 
[1]. Batteries and motors also create extra weight which 
limits the autonomy of the robot. Furthermore, 

human-robot interfaces (HRI) for rescue robots often 
tend to be hard to use, confusing, and suffer from both 
information overload and poor situational awareness [2]. 
With the development of fluid power technology, rescue 
robots will have a higher power density, weigh less, and 
will be more flexible than the electric power source 
robots (Binnard, 1995). For these reasons, a strong 
interest has recently been shown in fluid-powered 
rescue robots. Fluid power is the technology that deals 
with the generation, control, and transmission of 
pressurized fluids [2]. However, the use of a specific 
power source for robots certainly impacts the design of 
the robotic interface.  The power source of a robot can 
affect the interface design of the robot, which will 
impact how data is relayed from the robot to the 
operator once it is deployed. Given these changes in 
design, the human-robot interaction (HRI) may be very 
different than in previous designs. Thus, opportunities 
remain for further improvement in the human-robot 
relationship. As part of the recent efforts in developing 
and utilizing new fluid power technology, a compact 
rescue crawler (CRC) is being utilized as an initial test 
bed at the Center for Compact and Efficient Fluid Power 
(CCEFP), a National Science Foundation (NSF) funded 
Engineering Research Center. 
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ASSESSMENT OF HRI 
HRI, within urban search and rescue missions, involves 
complex systems in dynamic, unstable environments 
where human and robot must work together, as well as 
individually. As can be seen in Figure 1, there are 
various HRI metrics that are influenced by the robot, the 
human, and the overall human-robot system [3]. 

Figure 1: Representation of the Human-Robot System 

Those measures include objective measurements, such 
as performance error of the robot, as well as subjective 
measurements, such as operator trust in the robot. Trust 
is one of the significant aspects in HRI urban search and 
rescue missions because it is influenced by variables 
within the system and has a significant effect on the 
output, or performance, of the overall system. The type 
of missions that the compact rescue crawler robot will 
be utilized for are characterized by a high degree of 
uncertainty [4]. Without operator trust in these situations, 
which involves teamwork between humans and robots, 
the team’s performance can be severely impacted. 

Traditionally, trust in human-machine or 
human-computer interactions is defined as a composite 
of several dimensions or components. For instance, 
Muir described trust in automation as "a composite 
expectation of the persistence of the natural and moral 
social orders, technical competent performance, and of 
fiduciary responsibility [5]" in 1994. A decade later, 
Lee and See, defined trust as "the attitude that an agent 
will help achieve an individual's goals in a situation 
characterized by uncertainty and vulnerability [6]." 
Although there has been research on trust in different 
human-machine systems since the 1980s, spanning 

human-automation relationships and human-computer 
relationships, little research has been done dealing 
specifically with human-robot relationships. HRI in 
urban search and rescue is different from other 
human-machine systems in that the environments are 
characterized by a high degree of uncertainty, risk, and 
the human user is both supervisor and teammate with an 
artificial intelligence. Therefore, trust in HRI needs to 
be studied independently. Over the years, researchers 
have proposed that various dimensions of trust have 
characterized those dimensions differently. In 1985, 
Rempel et al. described trust as having three time 
dependent dimensions of predictability, dependability, 
and faith [7]. Later in 1992, Lee and Moray identified 
three dimensions of trust to be performance, process, 
and purpose [8]. In 2004, Uggirala identified several 
dimensions of trust to be competence, predictability, 
reliability, persistence, and overall trust in a system [9]. 
Some of the dimensions complement each other, are 
orthogonal to one another, or duplicate other studies; 
however, those previously mentioned apply to 
human-human, human-machine, and human-computer 
interactions. There has been little research on 
dimensions of trust that apply to human-robot 
interaction.  

The objective of this research is to develop a tool that 
can effectively be used to measure trust in HRI for the 
new generation, fluid- powered rescue robot.   

METHODOLOGY 
Defining Trust Components 
The first step in developing a tool to measure trust in 
human robotic interaction is to identify twelve (12) 
appropriate trust dimensions which are predictability, 
dependability, accuracy, helpfulness, power, adaptability, 
understandability, deceptive, fiduciary responsibility, 
experience, solidarity, and performance. Definitions of 
these 12 dimensions are listed in Table 1. Then, a three 
step procedure will be used to select and define each 
dimension as it applies to HRI. Subject matter experts 
will be consulted in this process. 
Step 1: Ask each subject matter expert to define each 
dimension by generating a list of questions that can 
describe it. 
Step 2: Ask each subject matter expert to rank the 
dimensions along with its questions based on its 
importance in measuring trust in HRI. 
Stewp 3: Select the top eight (8) dimensions as well as 
the questions for each dimension that is identified and 
ask the subject matter experts to match the dimension 
with its defintion (questions). The resulting list will be 
the dimensions considered most applicable to HRI.  A 
trust measurement instrument will be developed based 
on this list. 
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Table 1:  List of Proposed Trust Dimensions 
Dimensions Definitions 

Predictability 

the degree of consistency and 
desirability of past behavior in 
a system that enable the user 
to develop a mental model of 
future system states [7] 

Dependability 

the degree of understanding 
the stable dispositions that 
guide the system's behavior [7]

 Accuracy 
the extent to which the system 
is free of error [9] 

Helpfulness

the extent to which the system 
provides alternative solutions 
[11] 

Power 

the extent to which the user is 
able to control the behavior of 
the system [4] 

Adaptability 

the degree to which the system 
can change according to a 
situation [10] 

Understandab
ility 

representing how well the 
operator perceives what the 
computer is doing [10] 

Deceptive 

the extent to which the system 
explicitly displays or says that 
it will act in a particular way, 
but doesn't in future states  

Fiduciary
responsibility

the degree to which the 
operator expects that the 
system will meet its 
design-based criteria [12] 

Experience 

based on the specific user's 
past encounters with the 
system [13] 

Solidarity 

the degree to which the user 
perceives the system shares a 
similar purpose to himself [4] 

Performance 

in regards to the overall 
human-machine system 
performance [8] 

Trust Measurement Instrument Development 
Using the list of trust dimensions, a trust measurement 
instrument will be developed. This instrument will be in 
a form of questionnaires. Each trust dimension has 
questions detailing what the dimension means. A Likert 
scale of 1-5 will be used for each dimension with 1 
being strongly disagree and 5 being strongly agree.  

Proposed Experiment  
To assess the validity of the instrument, an experiment 
will be conducted as follows:   

Subjects: Twenty field experts who have experience 
operating rescue robot in urban search and rescue 
(USAR) missions will be recruited to participate in the 
survey. Demographic information of the subjects as well 
as their experience and backgrounds will be collected.  
Test Materials: A scripted USAR scenario will be 
given to each subject. They will be asked to complete a 
questionnaire containing the trust measurement 
instrument based on the scenario.   
Test Procedure: Through email, each subject will be 
briefed with the purpose of the experiment followed by 
an informed consent form. Upon agreeing to participate, 
each subject will be given a USAR scenario and asked 
to fill out a questionnaire containing the trust 
measurement instrument. Clarification will be provided 
whenever necessary. Each subject will spend about  
half an hour to complete the experiemnt.
Data Collection: Upon collection of the questionnaires, 
a score of 1-5 will be assigned to each trust dimension 
from each subject.  
Statistical Analysis: Both descriptive statistics such as 
mean and standard deviation as well as inferential 
statistics such as correlation analysis will be used. A 
stepwise regression model will then be used to develop 
a trust model that can be used to measure operator trust 
in HRI. Results from this analysis will also reveal the 
important dimensions of HRI. 

DISCUSSION AND CONCLUSION 
Possible future research work lies in validating the list 
of the dimensions, examining any underlying constructs 
of the dimensions, and determining the relationships 
between the dimensions themselves and overall trust in 
the human-robot system. 

The purpose of this research is to develop an instrument 
that can be used to measure trust in human-robotic 
interaction. A literature review of trust in 
human-automation and human-computer systems was 
conducted to build a solid foundation in developing a 
list of the dimensions of trust most appropriate for HRI 
in USAR environments.  An experiment is proposed to 
assess the validity of the tool for measuring trust in 
human-robot interaction for urban search and rescue 
missions utilizing compact crawler, fluid-powered 
rescue robots.  It is expected that this instrument will 
contribute to measuring trust in human-robot 
interaction.   
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WEARABLE MASTER-SLAVE TRANING DEVICE

FOR LOWER LIMB CONSTRUCTED WITH

PNEUMATIC RUBBER ARTIFICIAL MUSCLES
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ABSTRACT

The purpose of this study is to develop a wearable master-slave lower limb training device for a trainer and
a trainee. The developed device is constructed with McKibben type rubber artiåcial muscles and an appliance,
a torque sensor. In addition, to prevent applying an excessive torque to the trainee, a reaction torque from the
trainee can be transmitted to the trainer by a bilateral type master-slave control system. In this paper, the
structure of the developed device is discussed, and then the validity of the proposed device is evaluated from
the experiments assumed a training.

KEY WORDS

Pneumatics , Artiåcial rubber muscle , Soft mechanism , Wearable robot

INTRODUCTION

Many kinds of power assist device have been de-
veloped to assist a hard work, rehabilitate a human
body in recent years[1]Ä [5]. These devices are driv-
en with various actuators such as a electric motor, a
hydraulic cylinder and so on. Above all, a pneumat-
ic artiåcial rubber muscle is eãective to drive these
device[4][5]. Since these devices used by a human is
requried a safty and a light weight. This actuator has
a mechanical çexibility by an air compressibility, a
rubber material, and has a high power weight ratio.
Therefore, this rubber muscle can realize a çexible
and a light weight device by a simple mechanism.
The purpose of this study is to develop a master-

slave lower limb training device for a trainer and a

trainee. The developed master and the slave devices
are constructed with McKibben type rubber artiåcial
muscles and an appliance, a torque sensor. McK-
ibben type rubber muscles are installed at the knee
and the ankle joints of the appliance, respectively.
In this study, it is assumed that the master and the

slave devices are used by the trainer and the trainee
respectively, and that the trainer moves the trainee
joint angles by moving the trainer's lower limb. To
prevent applying an excessive torque to the trainee, a
reaction torque from the trainee can be transmitted
to the trainer by a bilateral type master-slave control
system. In this paper, the structure of the develope-
d device is discussed, and then the validity of the
proposed device is evaluated from the experiments
assumed a training.
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WEARABLE MASTER-SLAVE

TRANING DEVICE

Figure 1, 2 show the structure and the overview
of the developed device. McKibben type rubber mus-
cles for a çexion and an extension are installed through
a pulley to an appliance in the knee device. For ex-
ample, when the çexion and the extension rubber
muscles are increased and decreased the inner pres-
sures from the balance states, the torque to çex the
knee can be generated as shown in Figure 3(a). The
extension torque can be also generated by decom-
pressing and compressing the çexion and the exten-
sion rubber muscles. The weight is about 4.8[kg].
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Figure 1 Structure of developed device

In the ankle device, rubber muscles for the dor-
sal and the plantar çexion are installed respectively.
The dorsal and the plantar çexion mean the motions
which bend and extend the ankle as shown in Figure
4. The movable angles at the knee and the ankle are
limited from 0[é] to 100[é] by the knee joint and from
-25[é] to 25[é] by the ankle rubber muscles. The gen-
erated torque from the rubber muscle is transmitted
to the appliance through an aluminium plate, which
is mounted a strain gauge. The generated torque can
be detected from the strain of the aluminium plate.
McKibben type rubber muscle is constructed with

the rubber tube. The rubber muscle is manufactured
with a rubber tube and a polyester åber tube. The
åber tube is the latticed tube weaved with a polyester

(a) Master device (b) Slave device

Figure 2 Overview of device

åber. When a compressed air is supplied into the
rubber tube, the rubber tube expands to the radial
direction. The radial expansion force of the rubber
tube is converted to the axial contraction force as
shown in Figure 5.

(a) Flexion (b) Extension

Figure 3 Flexion and extension

In the knee device, the length and the outer and
the inner diameter of the rubber tube are 396, 39.3,
30.0[mm], respectively. In the Ankle device, the length
and the outer and the inner diameter of the rubber
tube are 330, 20.7, 15.0[mm], respectively.
Figure 6 shows characteriscics of rubber muscle

using the knee and ankle device. The rubber mus-
cle is åxied with a force sensor and a sensor stage
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as shown in Figure 7, and the åxed distance Lm is
changed in order to measure the force at the each
contraction length of rubber muscle. In the expri-
ment, the generated force is measured at the each
contraction length in a constant supplied pressure.

(a) Dorsal çexion (b) Plantar çexion

Figure 4 Dorsal and plantar çexion

(a) Initial state

(b) Pressurized state

Figure 5 Overview of rubber muscle

From the force characteristics, the diameter of pul-
ley at the knee is 40[mm], and the ankle rubber mus-
cle is åxed at the distance 75[mm] from the ankle
joint.
Figure 8, 9 show torque characteristics of master

device. The joint angle of knee and ankle are deåned
as shown in Figure 10. In the ågure, subscript m
and s represent the master and slave device, and k
and a represent the knee and ankle device, respec-
tively. The çexion angle from the standing state is
deåned as a plus in the knee angles(íkm, íks), and
the dorsal çexion angle is also deåned as a plus in the
ankle ones(íam, ías). These characteristics in Fig-
ure 8, 9 are measured to verify the inçuence of the

angle upon the torque. In the walking motion, the
maximum çexion and extension torques at the knee
are about 35, -60[Nm], respectivery. In addition, the
maximum dorsal, plantar çexion ones at the ankle
are about 10, -120[Nm], respectivery[1]. From the
above, this device can assist about 50[%] at the low-
est at Temk of the working torque even when the user
decreases the muscular power.

10 20 30 40 50 60 70

1000

2000

0

100[kPa]
200[kPa]
300[kPa]
400[kPa]

Contraction length [mm]
Fo

rc
e 

[N
]

(a) For knee device

10 20 30 40 50 60

200

400

600

800

1000

0

100 [kPa]
200 [kPa]
300 [kPa]
400 [kPa]
500 [kPa]

Contraction length [mm]

Fo
rc

e 
[N

]

(b) For ankle device

Figure 6 Force characteristics of rubber muscle

Rubber muscle

Force sensor

Sensor stage 
Lm

Figure 7 Experimental device

CONTROL SYSTEM

Figure 11 shows a constructed control system,
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Figure 8 Torque of knee device (master)
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Figure 9 Torque of ankle device (master)

which is a force feedback master-slave system to feed-
back a slave reaction torque to a master user. The
main system parameters used in this system are shown
in Table 1. The torque and the angle control sys-
tems are constructed in the master and the slave de-
vices, respectively. The reference angle in the slave
control system is the master measured angleím(=[ímk;
íma]T ), and the torque control system is inputted
the slave reaction torque Ts(=[Tsk; Tsa]T ), which is
obtained by deducting Tws from TMs and by multi-
plying a gain K.

Figure 10 Angle deånition

The gain K is introduced in order to generate
the master torque in the opposite direction against
the slave reaction torque, because the master device
must generate the slave reaction torque applied to
the slave device by the slave user. K is as follows:

K =

îÄ1 0
0 Ä1

ï

In this system, the antagonisitic rubber muscles,
the çexion and the extension ones at the knee device
e.g., are compressed / decompressed from the bal-
ance pressure, the çexion and the extension torque
TMm, TMs can be applied to the appliance.

EXPERIMENT

A preriodical step motion assumed a wolk training
is experimented in order to verify the proposed de-
vice. In this experiment, the slave user is restricted
the çexion and the dorsal çexion by a nylon belts as
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Figure 11 Control system

Table 1 System parameters

Master
ím Joint angle [rad]
TMm Applied torque [Nm]
Thm Human torque [Nm]
Twm Weight torque [Nm]

Reference pressure
Prfm Knee:çexion [kPa]

Ankle:dosal çexion

Reference pressure
Prem Knee:extension [kPa]

Ankle:plantar çexion

Pfm, Pem Measured pressure [kPa]
Slave

ís Joint angle [rad]
TMs Applied torque [Nm]
Ths Human torque [Nm]
Tws Weight torque [Nm]

Prfs, Prem Reference pressure [kPa]
Pfm, Pem Measured pressure [kPa]

shown in Figure 12, and the master user periodi-
cally steps on the right leg. Nylon belts reproduce
contractures on the slave user. The slave user does
not apply the torque with the leg, and the master
user moves as follows:

0 5[s]
The master user çexes the knee, and the ankle
to the dorsal direction from the standing state.

5 10[s]
The master user keeps the angles.

10 15[s]
The master user extends the knee, and çexes
the ankle until the standing state.

15 20[s]
The master user keeps the angles.

20 40[s]
The master user repeats the above movements.

Figure 13, 14, 15, 16 show the experimental re-
sults. Figure 13, 15 show the results without the ny-
lon belts, and Figure 14, 16 show the results with the
nylon belts. The angle is decreased and the torque is
increased on the knee as compared with the results
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Figure 12 Experimental condition

without the restriction. On the ankle, the torque is
also increased as compared with the results without
the restriction.
From the above results, the joints stiãnesses of the

slave user can be transmitted to the master user even
when the joints stiãnesses is increased by the restric-
tion. Because the torque at the knee with the joint
restriction is bigger than the torque without the re-
striction even then the knee angle with the restriction
is smaller than the angle without the restriction. In
addition, the torque at the ankle with the joint re-
striction is also bigger than the torque without the
restriction.
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Figure 13 Without restriction (knee)
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Figure 14 With restriction (knee)

CONCLUSION
In this study, the wearable master-slave lower limb

training device which can be used by a trainer and a
trainee has been developed. In this paper, the struc-
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Figure 15 Without restriction (ankle)
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Figure 16 With restriction (ankle)

ture of the developed device has been discussed, and
then the validity of the proposed device is evaluated
from the experiments assumed the step motion.
From the results, the joints stiãnesses of the slave

user increased by the restrictions can be transmitted
to the master user by the proposed device.
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ABSTRACT

In recent years, accidents of bone fracture with elderly people increase because of tendency to fall by a little step in a 
house. As one of this cause, it is considered that a center of gravity position with foot parts of elderly people is changed. 
Therefore, in order to solve this problem, we propose a new type of insole with high performance by making use of 
sponge-core-soft rubber actuator (SCSRA). In this study, we apply the actuator to an insole in order to support walking 
motion. That is to say, a new type of insole to distinguish the foot motion (Pitch or Roll motion) is proposed. To clear 
the performance of the insole, we develop a test device that is constructed with rotary actuators and a cylinder. In this 
paper, the mechanism of the proposed insole is explained and basic performances of the proposed mechanism are 
clarified through some experimental results. 

KEY WORDS  

Insole, Soft rubber, Stiffness, Stable walk 

NOMENCLATURE 

F : External force estimation value 
P : Pressure 
P0 : Initial pressure 
Ti (i=x,y,z): Torque 

:   Pitch angle 
:   Roll angle 

INTRODUCTION 

In Japan, the number of elderly people increases. On the 
other side, the number of young people decreases. As 
the result, it is reported that elderly people have to care 
another elderly person. In order to solve this problem, 

many kinds of support machines have been 
developed[1]-[4]. However, with respect to an elderly 
person who is not physically handicapped, the bone 
fracture in tendency to fall sometimes becomes a big 
issue. For example, when the elderly people fail in a 
little step, some of them sometimes have trouble of bone 
fracture. Especially, the number of aged person who 
comes to keep bed increases by reason of the bone 
fracture of thighbone cervix in the tendency to 
fall[5]-[8].
With respect to this problem, it is reported that the main 
cause of tendency to fall is change of gravity position 
with each foot. That is to say, when elderly people walk 
on the road, the center of gravity position moves to edge 
side of the sole as shown in Figure 1. This is because 
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that the angle between the innominate bone and the 
thighbone is decreased by the muscle force depression 
of lower extremities. As the result, the elderly people 
are easy to stumble over.  
Therefore, in order to solve this problem, we propose a 
new type of insole. The insole is constructed with 
compound rubber elements that a sponge rubber is 
covered with silicon rubber[9]-[15]. With respect to the 
element, since the sponge is coated with silicon rubber, 
air can be charged into the sponge chamber. As the 
results, it is possible to control the stiffness of the 
actuator by controlling pressure in the sponge chamber. 
Therefore, when some actuators are arranged in parallel, 
the actuators can estimate the distribution of external 
force that acts on the actuators. Thus, by making use of 
control of inner pressure of each actuator, the actuator 
can adjust torque that acts on the insole. 
In this paper, we explain about the structure of insole 
that is constructed with the elements. Further, a test 
device to clear the effectiveness of the proposed insole 
is explained. Moreover, by using the test device an 
adaptive shape of the insole to distinguish between a 
roll motion and a pitch motion of the foot part is cleared. 
From these experimental results, basic characteristics of 
the proposed insole are clarified.  

HIGH PERFORMANCE SHOES 

The structure of proposed insole is shown in Figure 2. 
The insole is constructed with compound rubber 
elements, a rubber compressor and a tank chamber.
When a subject walks on a road with shoes that has the 
proposed insole, air is compressed by the deformation 
of rubber compressor according to the motion of heels. 
Further, the compressed air is charged into the air 
chamber of the tiptoe part in the insole. Since pressure 
in the rubber element is measured by a small size 
pressure sensor, the stiffness of each rubber element can 
be controlled by pressure in the air chamber. With 
respect to the control circuit of the insole, a test circuit 
as shown in Figure 3 is developed. The main MPU is 
ATmega64 and each valve is controlled by the MPU. 

Red Line: Elderly person
Blue Line: Person who is not physically handicapped 

Figure 1 Trajectory of center of gravity 

(a) Appearance of the Proposed Insole 

(b) Element of Rubber Actuator 

(c)Cross Section of the Proposed Insole 

Figure 2 Structure of High Performance Insoles 

Figure 3 Sample of the Control Device 

Foot

Air Chamber 

Rubber Elements 

Rubber
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(a)One Layer Structure 

(b-1) Initial State     

 (b-2)Pressurized  State 

Figure 4 Schematic View of  

Pneumatic Rubber Element 

PNEUMATIC RUBBER ELEMENT 

In order to develop a new type of insole, we consider a 
pneumatic rubber element. The structure of the element 
is shown in Figure 4(a). The actuator is made of two 
materials. One is silicon rubber and the other is sponge 
rubber. The sponge is coated with silicon rubber, and air 
can be charged into the sponge chamber. As the results, 
it is possible to control the stiffness of the element by 
controlling pressure in the sponge chamber.  
The initial state of the element is shown in Figure 4(b-1). 
Further, the pressurized structure is shown in Figure 
4(b-2). That is to say, since the modification of one 
layer type element is hardly changed when air is 
charged into the sponge chamber, the element can 
maintain safety for users. 

INSOLE TEST DEVICE

When a person uses the shoes that has a high 

performance insole, the shape of the soft rubber element 
(SCSRA) is changed by external forces to the insole.  
This is because that the foot consists of a tiptoe, heel 
and the arch of a foot. Therefore, in order to clear the 
performance of the proposed insole, we developed a test 
device for an insole as shown in Figure 5. Figure 5(a) 
indicates a whole device and Figure 5(b) shows a foot 
plate (Ground) whose angles (a pitch angle and a roll 
angle) are controlled by pneumatic rotary actuators. 
Further, a foot model is attached to the 6 axis force 
sensor that are set to the tip of the cylinder rod that is 
driven in the direction of z axis as shown in Figure 6. 
In the experiment, two pairs of SCSRA are put on the 
floor (Figure 5(b):Ground). Further the foot model is 
put to the elements by using the cylinder as shown in 
Figure 6. At this time, the floor is driven by each rotary 
actuator. Thus, the inner pressure in the actuator is 
measured by a pressure sensor and the both torque and 
force in the direction of each axis that acts on the ankle 
part is measured by the 6 axis force sensor (Figure 6). 
By using the insole test device, we investigate an 
adaptive shape of the insole to distinguish the difference 
between a roll motion and a pitch motion of the foot. 
This is because that the main motion of falling down is 
a roll motion of the foot as shown in Figure 1. Therefore, 
we measure difference pressure between each element 
by using pressure sensors in the elements. Thus, we 
clarify the adaptive shape that the difference pressure 
does not be changed by a pitch motion but the pressure 
changes just only by a roll motion of the foot part. 

SUTABLE SHAPE OF THE ELEMENT

In order to clear the adaptive shape of the element to 
distinguish between a roll motion and a pitch motion of 
the foot by value of inner pressure, we investigate the 
shape of the rubber element that the difference pressure 
between each rubber element is almost zero when the 
foot rotates in the direction of pitch motion. In the 
experiment, we use 2 types of rubber element. Figure 7 
shows each shape of the element. Figure 7(a) is a 
symmetric type and Figure 7(b) is an one side 
inclination type. By using these elements, we clear 
variation of the difference pressure between each 
element with respect to both a pitch angle and a roll 
angle.
Figure 8 shows the result with the symmetric type and 
Figure 9 is the result with the one side inclination type. 
The condition of each experiment is as follows. 

[Condition]
(a): Force(60N), Pitch Angle ( -10° 10°)
   Roll Angle( 0°)
(b): Force(60N), Pitch Angle ( 0°)
   Roll Angle( -10° 10°)
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(a-1) Photograph 

(a-2) Structure 

(a)Test Device 

POT: Potentiometer 

(b) Mechanism of Foot Plate 

Figure 5 Structure of Test Device 

From these results, it is cleared that in the case of the 
symmetric type, the difference pressure changes as the 
foot rotates in the direction of the pitch angle. On the 
other hand, in the case of one side inclination type, the 
value of difference pressure hardly changes when the 
foot rotates in the direction of pitch angle. 
As the result, it is clarified that the one side inclination 

type element can distinguish the motion of the foot by 
the change value of difference pressure between each 
element.
Further, the torque variation of the ankle part with 
respect to the one side inclination type element is shown 
in Figure 10. In this experiment the foot model is 
rotated in the direction of pitch motion. From this result, 
it is cleared that the variation of torque in the direction 
of roll motion is almost zero. Thus, by using the 
proposed element, the ankle is hardly damaged 
regardless of the shape of the one side inclination type. 

Figure 6 Structure of 6 Axis Sensor Part

CONCLUSIONS

In this paper, we proposed a new type of insole using 
rubber elements. Further, we cleared the adaptive shape 
of the element to distinguish the roll motion of the foot 
by variation of the inner pressure of the element.  
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(a) Symmetric Type 

(b) One Side Inclination Type 

Figure 7 Rubber Element (Right Side)  

(a) Variation of Pitch Angle   

(b) Variation of Roll Angle 

Figure 8 Difference Pressure of Symmetric Type 
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(a) Variation of Pitch Angle   

(b) Variation of Roll Angle 

Figure 9 Difference Pressure of  

One Side Inclination Type 

(a) Movement in the direction of Pitch Angle 

(b) Movement in the direction of Roll Angle 

Figure 10 Torque of Ankle Part 

(One Side Inclination Type) 
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ABSTRACT 

The purpose of this study was to develop a pneumatic gait training system which was consisted by Mckibben type 
actuators to achieve the normal gait patterns of lower limb joint angular displacements. These actuators were arranged 
as human musculoskeletal system; mono- and bi-articular muscles. The system provided a proportional directional 
control valve which controlled antagonistic actuators, and this system had PID controller and joint angular displacement 
feedback circuit. In the results, the output of the knee joint movement pattern had well validation for the input signal 
which was recorded from natural treadmill walking in healthy subjects. This system made the orthosis reproduce like 
the human natural walking. In conclusion, we structured a fundamental bi-articular muscle type of the gait training 
system using Mckibben type actuators. 

KEY WORDS  

Bi-articular muscle, Mckibben Actuator, Gait training system 

INTRODUCTION 

The value of partial body weight support treadmill 
training (BWSTT) for disabled individuals has been well 
established, especially when initiated soon after an injury. 
Wernig et al. [1] had demonstrated that 25 out of 33 
incomplete spinal cord injured persons learned to walk 
independently at the end of 3-20 weeks (median 10.5) 
with partial BWSTT.  However, this treatment presents 
special challenges for the therapist. The passive moving 
of a disabled person's legs is ergonomically difficult 
since the individual being treated cannot support and/or 
move his legs by himself. In order to improve this 
therapy, Colombo et al. [2] developed a driven gait 
orthosis (DGO) that can be used on patients with varying
degrees of paresis or spasticity for up to one-half hour. 

Dietz et al. [3] using this gait training system for 
paraplegic patients, and they suggested the afferent input 
from hip joints is important for the leg muscle activation 
during locomotion. 
In the previous studies, we had constructed the two types 
of gait training systems using the Mckibben type of 
pneumatic actuators to achieve the repetitive 
physiological gait patterns [4-5]; one was mono-articular 
muscle model [4], the other was bi-articular muscle 
model [5]. The Mckibben type actuator had similar 
mechanism to human muscle contraction for a force 
generating, and it has high degree of freedom of design 
and contributes to orthosis lightening. In addition, both 
of our system has some advantages over the partial 
BWSTT on land; the system is electrically and 
mechanically safe since it consists of pneumatic 
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actuators to prevent short circuits and a burn, and the 
main frame is an exoskeleton type of the hip-knee-ankle 
orthosis which is used in general gait training. According 
to Miyoshi et al. [4], they had developed a robotic gait 
trainer in water (RGTW) and had demonstrated its 
efficacy which could reduce the enhanced hip extensor 
muscle activities, since the water walking needs 
propulsive forces against the water resistance [6]. In this 
respect, the bi-articular muscle model could reduce the 
hip extensor muscle activities [5], since the bi-articular 
muscles had unique function in force-directing because 
of their ability to simultaneously regulate or tune 
adjacent joint torques [7]. The bi-articular muscles are 
through the two joint, and are arranged in a pair of 
antagonists; e.g. biceps brachii and triceps brachii, rectus 
femoris and biceps femoris. The synergistic activities of 
one antagonistic pair of the bi-articular muscles and two 
antagonistic pair of the mono-articular muscles might be 
able to reproduce by single command signal informing 
force direction via a simple spinal level neural network 
proposed [8]. To our knowledge, however, there is no 
gait training system using bi-articular muscle model, 
because the bi-articular muscle model is redundant and 
torque shearing problem for two joints is infinite 
combination. 
The purpose of this study was to develop the bi-articular 
muscle model type of the pneumatic gait training system 
for achieving the repetitive physiological normal gait 
patterns of lower limb joint angular displacements, and 
to design the specific controller for bi-articular muscle 
model based on PID. 

SYSTEM DESIGN 

Pneumatic Control 

Figure 1 represents the gait training system. The orthosis 
drives by contraction of the Mckibben type actuators, 
and we applied antagonistic arrangement of the 
Mckibben type actuators like human muscles. So, we 
used proportional directional control valve(servo valve). 
This valve has 1 input port and 2 output ports which 
attached to the Mckibben type actuators posterior and 
anterior. Therefore it’s very suitable for control by 
antagonistic actuators.  
Mckibben type actuator 

Figure 2 shows the Mckibben type actuator. This actuator 
generated force by contraction. The outer-tube of mesh 
texture transformed a radial force into an axial force 
when inner rubber-tube generated force by expansion. 
Contraction ratio was 30% on natural length. 

Figure 2 The mechanism of Mckibben type actuator

Figure 1 Gait training system schematic diagram 

Joined Natural length Joined
750 mm 

Shortening 
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Walking program and control interface 

We used a Digital Signal Processor(DSP) for input and 
output of signals. This equipment has A/D and D/A 
converter, and control program run the Simulink of 
Matlab(The MathWorks). Figure 3 shows the block 
diagram of servo system. Input data was joint angle of 
gait cycle by healthy people. Hip and knee joint angle of 
orthosis got feedback which detected by the 
potentiometer. The PID controller value decided 
voluntarily from the experiment. 
The DSP provides interface function which called Virtual 
Console. It function is very useful which is able to create 
one's own GUI, and load parameter from Simulink of 
Matlab. The user is able to change the parameters 
without Simulink of Matlab. 

Figure 3 Block diagram of servo system. )(sin : Target 
angle, )(sout : Controlled angle, )(sC : PID controller, 

)(sG : Servo valve control voltage gain. 

The following show equipment list. 
a) Mckibben type actuator: Hitachi Medical Corp. 
b) Servo valve: MPYE-5-1/8-HF-010-B, FESTO Corp. 
c) DSP: ADX5430, A&D Co. Ltd. 

Orthosis overview 

Figure 4 shows the orthosis overview. The left leg of 
orthosis fixed to the frame, and suspended. At first, we 
build up this system only unilateral leg of orthosis on a 
trial basis. The Mckibben type actuator attached to the 
anterior and posterior of each joint. The orthosis drove 
because these actuators contract alternately.  

RESULTS 

It is possible for proportional directional control valve to 
control the both agonistic/antagonistic Mckibben type 
actuators. Thus, it can be decreased the number of 
control valves to the number of actuators. We achieved 
simplification of the pneumatic pipe arrangement in this 
system. This experiment was performed the same 
parameter between bi-articular muscle model and hip 
mono-articular muscle model. The PID controller 

parameter sets P:1.0, I:0, D:0, to all actuators. The hip 
joint angle output value was twice as value than the 
target value, and there were phase shifting(figure 5). The 
mono-articular muscle model had time-delay, and 
couldn't reach the maximum target angle.  

Figure 4 Left leg of orthosis  

Figure 5 Joint angle variation during orthosis walking. 
Knee joint angle data(bottom), and hip joint angle 
data(upper). Target values were hip and knee joint angle 
for healthy people(one gait cycle:0.5Hz, solid line: target  
joint angle, break line: controlled angle value). 
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skI
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DISCUSSION 

 The hip joint angle response was larger than target 
angle value, it was not appropriate parameter of servo 
valve control voltage gain. The reason of phase shifts 
might be overlarge proportional value of PID controller. 
The bi-articular muscle model was through the two joint, 
but the angle feedback was performed only hip joint 
angle. It wasn’t optimal follow-up control. The human 
walking had coinstantaneous rotation knee and hip joint. 
Hence, we have to determine the PID controller value 
and feedback parameter for each muscle models. 

CONCLUSION 

 We developed a fundamental gait training system 
with position feedback and PID controller functions, 
drove by pneumatic Mckibben type actuator. This system 
might be possible which reproduce the movement like 
the human natural walking. 

FUTURE WORK 

 In this study, it was difficult for the bi-articular 
muscle model to control by hip joint angle feedback. We 
will determine about the optimal PID controller value of 
mono-articular muscle model and the appropriate control 
parameter for the bi-articular muscle model. We have to 
superstruct control system which mono and bi-articular 
muscle models will be possible to produce their 
coordination. 

REFERENCES 

1. Wernig A, Muller S, Nanassy A, Cagol E. Laufband 
therapy based on 'rules of spinal locomotion' is 
effective in spinal cord injured persons. Eur J 
Neurosci 1995;7:823-9. 

2. G. Colombo, M. Joerg, R. Schreier, and V. Dietz, 
Treadmill training of paraplegic patients using a 
robotic orthosis, Journal of Rehabilitation Research 
and Development Vol. 37 No. 6, pp.693-700, 2000. 

3. V. Dietz, R. MuÈller and G. Colombo, Locomotor 
activity in spinal man: significance of afferent input 
from joint and load receptors, Brain, 125, 2626-2634, 
2002. 

4. T. Miyoshi, K. Hiramatsu, S. Yamamoto, K. 
Nakazawa and M. Akai, Robotic gait trainer in water: 
Development of an underwater gait-training orthosis, 
Disability and Rehabilitation, 2008; 00(0): 1–7. 

5. S. Yamamoto, T. Miyoshi, T. Komeda, K. Hiramatsu, 
K. Nakazawa, and M. Akai, Development of 
pneumatic gait assist system, Complex Medical 
Engineering, 2007. CME 2007. IEEE/ICME 
International Conference on, 1337 – 1340. 

6. T. Miyoshi, T. Shirota, S. Yamamoto, K. Nakazawa 
and M. Akai, Effect of the walking speed to the lower 
limb jointangular displacements, joint moments and 
ground reaction forces during walking in water, 
Disability and Rehabilitation, 2004;VOL.26, NO.12, 
724–732. 

7. G. J. Van Ingen Schenau, From rotation to translation: 
Constraints on multi-joint movements and the unique 
action of bi-articular muscles, Human Movement 
Science, Volume 8, Issue 4, August 1989, Pages 
301-337. 

8. M. Kumamoto, T. Oshima, and T. Fujikawa, 
Bi-articular muscle as a principle keyword for 
Biomimetric motor link system, Microtechnologies in 
Medicine & Biology 2nd Annual International 
IEEE-EMB Special Topic Conference on, 346-351, 
2002. 

508Copyright © 2008 by JFPS, ISBN 4-931070-07-X



A NOVEL LEAKAGE DETECTION AND LOCALIZATION 
METHOD BASED ON INFRARED THERMOGRAPHY 

Nan GE, Guangzheng PENG 

Department of Automatic Control, School of Information Science and Technology 
Beijing Institute of Technology 

5 South Zhongguancun Street, Beijing, 100081, China 
(E-mail: genan@bit.edu.cn) 

ABSTRACT 

The common ways used to find leak include traditional bubbling test, ultrasonic positioning and helium 
mass-spectrometer detection, etc. However, each of them has deficiencies of varying degrees, especially low-efficiency 
in bubbling and mass spectrometry means and poor anti-jamming capability in ultrasonic means. In order to search a 
better approach to do this job, a new method is introduced in this paper, which is based on infrared thermography. In the 
experiment, test vessel is firstly aerated with absolute pressure of 0.6-0.7 Mpa and then the temperature field surround 
the vessel is monitored and acquired by an IR camera. On account of leakiness, compressed air expanses from the leak 
hole to ambient and heat-absorption effect has taken place around it on the basis of Joule-Thomson Effect, so the 
temperature difference between the leak area and normal area will be reflected in the thermal images. Moreover, Freon 
cooler is also set in the pneumatic circuit for the sake of enhancing the phenomenon. During the test, several frames of 
thermal images in time sequence are transferred to the computer for pre-processing and fusion operating by the use of 
local entropy difference algorithm. From results, it is shown that the method achieves a good resolution and sensitivity 
in the application of air-leakage detection and localization. Some modeling and simulating work by finite element 
analysis is also carried out in this paper. 

KEY WORDS  

Leak Detection, Leak Localization, Joule-Thomson Effect, Finite Element Analysis, Infrared Image Processing 

INTRODUCTION 

In most industrial processes, air-leakage detection and 
localization of vessels is an essential link of 
manufacturing. With the development of manufacturing 
technology, more and more requirements about not only 
leak detection but also leak localization are put forward. 
Most of current localization researches focus on leakage 
of petroleum and natural gas pipeline, while little new 
work was done to vessels’ leak. Generally, there are 

three traditional ways to find tiny leak on the vessels[1]. 
The first one is air bubbling test which needs the target 
to soak in water, so it is constrained to be used for 
objects with immersion forbiddance. The second is mass 
spectrometry which has the highest precision in 
detections, but its broad application is hindered by 
low-efficiency. The third one is ultrasonic positioning 
which is interfered easily by noise. Due to the 
disadvantages of low-efficiency and poor anti-jamming 
capability in traditional vessels’ leakage localization 
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approaches, a novel method was proposed in this paper. 
Along with the gradual perfection of infrared 
technology, thermography has been increasingly used in 
leakage detection and localization field. This paper 
utilizes a computer based system which contains a 
specific pneumatic circuit in conjunction with an on-line 
infrared camera to determine the air-tightness of a test 
vessel. A mathematical model has been set for 
subsequent leakage localization processing by analyzing 
leak throttle and heat transfer process around the leak. 
Moreover, the finite element analysis (FEA) was used to 
do some simulations. In order to find the leak point in 
the thermal images, a set of means based on local 
entropy difference algorithm has been adopted. 
Experiment shows that the simulation fits the result well 
and verifies that the thermal image based leak detection 
and localization method is effective and sensitive. 

MODELING AND SIMULATION 

There are mainly two types of heat transfer process 
happened when air leak occurred, one is heat absorption 
caused by air expansion from the leak namely 
Joule-Thomson effect, the other is heat transfer between 
air leak flow and leak hole in the vessel if the 
temperature of them are varied. So, the change in 
temperature around the leak will be the superposition by 
the two processes above. 
From the aspect of physical quantity, the process of air 
leak can be considered as steady flow field coupled with 
two kinds of unsteady heat transfer.  

Joule-Thomson Effect 

In the course of throttle, gas temperature varies adapted 
to its pressure, namely Joule-Thomson effect. Normally, 
in the field of leakage detection with medium of 
compressed air, the temperature of medium is mostly 
from 250K to 350K, meantime the test pressure is lower 
than 1Mpa. Consequently air leak throttle makes 
positive Joule-Thomson effect according to the 
isenthalpic inversion curve in the Joule-Thomson T-P 
diagram. Leak air will have a temperature drop while 
passing through the leak hole, so it will absorb partial 
heat from the vessel, and then temperature of leak hole 
will decrease too. For the sake of calculating the 
quantitative temperature drop, Joule-Thomson 
coefficient uj is introduced as following, which is 
defined as the temperature change rate in company with 
pressure during the throttle process (isenthalpic 
process)[2]. 

P

P

h
j C

v
T
vT

P
Tu          (1) 

Where, T is thermodynamic temperature of air, K; P is
air pressure, Pa; v is specific volume of air, m3/kg; Cp is
specific heat at constant pressure, J/K·kg. 
Eq(8) shows that, so long as ( v/ T)P is worked out 
from gas state equation and is substituted into Eq(8), uj
will be obtained. Then the temperature difference 
affected by leak flow will be obvious: 
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However, for most occasions, it is always 
computationally expensive to get ( v/ T)P, therefore 
direct derivation to real gas state equation which 
mentioned in reference [3] has been done. 
Van Der Waals (VDW) Equation is the primary way to 
describe real gas, as following: 
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uj will be obtained from simultaneous equations of 
Eq.(1) and Eq.(3): 
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Where, R is molar gas constant, 287.1 N·m/(kg·K) for 
dry air; a and b are Van Der Waals constants, 
a=135.8×10-3Pa·m6/K·mol2 b=36.4×10-3 m3/K·mol. 
Though the VDW Equation qualitatively describes the 
status of real gas, it is not so accurate in quantitative 
calculation, so compressibility factor Z is applied in the 
computation of uj . After v is obtained by substituting 
the known variable T and P into correction state 
equation of ideal gas, uj will be gotten. 
Compressibility factor Z is determined by Dranchuk- 
Purvis-Robinson Correlative Equation[4]: 

2
3

3

6185.06127.05353.0

5783.00467.131506.01

r
rr

r
rr

TT

TT
Z

 (5) 

Where, r=0.27(Pr/ZTr) is relative density of air; Tr=T/Tc
is relative temperature of air; Tc is critical temperature, 
Tc=126K for air; Pr=P/Pc is relative pressure of air; Pc is 
critical pressure, Tc=3.399 Mpa for air. 

Heat Transfer Model 

Using the thought of finite element method, the test 
vessel can be divided into a great deal of infinitesimal 
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surface elements. Concerning a variety of heat transfer 
processes among each element, environment, and the 
compressed air medium with low temperature, the heat 
transfer model is established. Assuming there is no 
high-temperature heat source around the test vessel, 
therefore thermal radiation effect can be ignored. Taking 
the adjacent infinitesimal element K and K+1 which are 
far smaller than the leak hole for instance, thermal 
convection and heat conduction have been considered, 
sketch is shown as following: 

Inner Outer

K

K+1

Heat Conduction

Internal 
Thermal 

Convection  

qk

External 
Thermal 

Convection  

Figure 1 Sketch of heat transfer analysis 

If the element K joins with leak hole, qk is defined as the 
quantity of heat taken away by leak flow, for the result 
of forced convection effect.  
Assume that  is thermal conductivity, Tk and TK+1 are 
the temperatures of adjacent elements K and K+1 
respectively, Ak,k+1 is the section area of thermal 
conduction, Lk,K+1 is effective length. Then the thermal 
conduction between element K and element K+1 can be 
described: 
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As the element K joins with n elements simultaneously, 
the total quantity of thermal conduction is represented 
as following: 
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Thermal convection of every single infinitesimal 
element consists of two parts: the one between external 
surface and ambient; the other between internal surface 
and inner compressed air with low temperature. On the 
basis of Newton Law, assuming the surface area of 
element K is Ak, the temperature of element K is Tk, then 
the thermal convection can be conducted: 

Interior surface: )( ikikinside TTAConvection    (8) 
Exterior surface: )( okokoutside TTAConvection (9) 

Where, Ti is the temperature of compressed air inside 
the test vessel; T0 is ambient temperature;  is 
convective heat transfer coefficient. 
On the occasion of natural convection, is a constant, 
while if there is forced convection, will be a variable 
related to flow velocity, and can be conducted by some 
theoretical and empirical formulas. On account of 
natural convection happens in both inside and outside of 
the test vessel, so i and o are two constants. 
From the analysis above, heat balance equation of 
element K is established as following: 
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Where, boundary condition qk=0 exists in those 
elements which are nonadjacent with the leak hole. 
Setting up the heat balance simultaneous equations of 
all elements, temperature distribution of the test vessel 
will be obtained. 

Finite Element Analysis 

Figure 2 Meshed model 

On the theoretical basis of (1) and (2), Simulation work 
is done below by using ALGOR finite element analysis 
software[5]. Taking general conditions of vessels’ 
leakage detection for reference, and the material of 
sample model is chosen as 201.T4 sand cast aluminum. 
After CAD model is meshed (as shown in Figure2), 
initial temperatures of nodes are set to 298K, and more 
boundary conditions are listed in Table 1. 
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Table 1 Boundary conditions for simulation 

Parameter Internal air Ambient
Type of Convection Natural Natural 
Abs. Pressure (Mpa) 0.6 0.1 

Temperature (K) 263 298 
Mass Density (Kg/m3) 7.94 1.18 

Dynamic Viscosity (Pa·s) 1.67×10-5 1.84×10-5

Specific heat (J/kg·K) 1004 718 
Thermal Conductivity 

(J/m·h·K) 84 94 

Thermal Expansion 
Co-efficiency (1/K) 3.80×10-3 3.36×10-3

Dimension of the model is 150mm×150mm×200mm, 
internal columnar cavity has a radius of 67mm, and its 
height is 185mm. There are nine via holes composed of 
3 rows 3 columns on the facade of the model, holes in 
each row have a same radius of 0.2mm, 1mm, 0.5mm 
respectively (from up to down), and holes in each 
column are in equal depth of 19.74mm 7.92mm
19.74mm respectively (from left to right). 
Figure 2 shows the model after meshing with bricks and 
tetrahedral, because of the great differences in size 
between the hole and the vessel, some refinement points 
are defined round the simulated leak hole in order to 
keep precision.  

Figure 3 Temperature field of simulation 

Figure 3 shows the temperature field of test vessel 
model when it reaches heat transient equilibrium. For 
the sake of research on the temperature difference, 
points A~I near the simulated leak hole and points J~K 
in no-leak region have been taken as the observational 
points. In virtue of the both effects of Joule-Thomson 
and heat exchange, a kind of annular distribution in 
temperature is presented around the simulated leak hole, 
and the more the leakage is, the bigger the radius of 
annular distribution is. Meanwhile, the smaller the depth 

of leak hole is, the greater the change in temperature 
gradient is. 
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Figure 4 Curves of observational points 

Simulation curves of observational points A~F and J~K 
are shown in Figure 4. From the curves, there is quick 
drop in temperatures of all the observational points near 
the leak hole when test starts, while 12 seconds later the 
tendency of change in temperatures becomes gentle. 
Since temperatures are steady inclined, the variety in 
depth of the holes affects the temperature gradient much 
distinctly. Besides, due to good thermal conductivity of 
sand cast aluminum, the decrease of temperatures of 
point J and K is approximate 1 K and 1.7 K respectively, 
but the changes are still far smaller than those in point 
A~F. 

EXPERIMENT AND RESULTS 

1: Air source 2: Stop valve 3: Pneumatic auxiliary components 
4: Precision regulator 5: Pressure gauge 6: Freon based active 

cooler 7,8: Direct operated switch valve 9: Flow meter 10: 
Silencer 11: Two-position three-way valve 12: Speed control 

valve 13: Pressure sensor 14: Insulation material 15: 
Temperature sensor 16: Infrared camera 17: Computer 18: 

Image acquisition card A: Test vessel 

Fig 5 Experimental pneumatic circuit 

The experiment is carried out with the conditions: the 
test vessel is 500mL air volume with leak which is made 
of cast aluminum, measured leak flow rate is 20 sccm, 
inflation pressure is absolute 0.6 Mpa, temperature of 
compressed air is 263 K, and ambient temperature is 
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301 K.  
Two thermal images are captured utilizing the 
pneumatic circuit [6] as shown in Figure 5, and Figure 6 
(a) shows the temperature field of the air volume before 
inflation, while Figure 6 (b) shows the temperature field 
of air volume in the time of 60s after inflation.  

A

B

(a)Before inflation 

A

B

(b) 60s after inflation 

Figure 6 Thermal images of air volume with leak 

As the marks shown in Figure6 (a), three obvious 
singular temperature points can be seen in the regions A 
and B, among them, the one in region A is visible defect 
on the surface whereas the ones in region B are not, so 
all the three points are suspected to be the leak holes if 
without checking them in Figure6 (b). Comparing both 
the regions in Figure6 (a) and Figure6 (b), region A is 
invariant between the two images, while the region B in 
Figure6 (b) becomes darker than that in Figure6 (a). 
Hence a preliminary judgment can be made that the 
point in region A is not a leak hole but defect, 
nevertheless there are two invisible leak holes in region 
B. More accurate conclusion will be proposed in the 
following section by the use of leakage detection and 
localization method based on local entropy difference 
algorithm. 

LOCAL ENTROPY DIFFERENCE ALGORITHM  

Assume that image function has non-negative value, 
namely f(x,y)>0, for a image which size are M×N pixels, 
define: 

M

r

N

j
ijij ppE

1 1
2log          (11) 

Where     
M

i

N

j
ij jifjifp

1 1
),(/),(         (12) 

The appearance probability of a certain gray value is 
characterized by pij, and E is named image entropy, 
furthermore if calculation is only done to one local area 
of the whole image, then it is called local entropy. 
According to the definition, entire amount of 
information contained in the whole or partial image can 
be reflected by entropy[7]. Because of the existence of 
negative sign in Eq. 11, so the richer the information is, 
the smaller the value of entropy is.  
In the application of leakage detection and localization 
based on infrared thermography, leak will be embodied 
in the images, that is, leak adds some information into 
thermal images, and it is proved by the experiment 
shown in Figure 6. Back to the definition, merit is found 
that even though there is geometric distortion in partial 
images sometimes, the local entropy is invariant for its 
statistical characteristics. Moreover, the entropy 
depends on the computation of whole area, so its 
robustness may not be influenced by several singular 
values of isolated pixels. Meanwhile, its anti-noise 
advantage is ensured by normalization processing of pij.
Due to logarithm involved, sometimes Eq.1 will be 
simplified as following by taking Taylor Expansion, in 
order to get real-time performance improvement. 
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From the perspective of evaluation, entropy, as the 
characteristic measurement parameter of image 
information, provides a set of scientific means to 
evaluate the degree of leakage. Therefore, local entropy 
difference algorithm is adopted, and its strategies are 
described below. 
For a thermal image F of test vessel captured before 
inflation, which size are M×N pixels, F will be traversal 
scanned firstly by an n1×n2 template named A. At the 
same time, absolute values of every local entropy based 
on A will be calculated and saved. When the scanning 
work is done, a matrix EF(n1,n2) is obtained, and all the 
local entropies are stored in the matrix orderly. Then 
same calculation will be applied to the thermal image G 
which is captured in a certain time delay after inflation, 
and its size are M×N pixels too, similar matrix 
EG(n1,n2) will be gotten sequentially. Afterward, the 
difference of local entropy matrix E(n1,n2)=|EF –EG| is 
computed and E(n1,n2) becomes the critical factor for 
leakage detecting and locating consequently. 
(1) If thermal image G matches F well, then the value of 

E will approach zero, hereby a conclusion can be 
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made that there is no leak in the test vessel. 
(2) Setting the threshold  as the criteria, if there is a 
salient region in the local entropy matrix of image, and 
the value of E(n1,n2) in that region is tenably greater 
than , then leak is confirmed (probably not only one 
region). 
(3) Calculation of reverse mapping is executed to the 
salient region of local entropy matrix E(n1,n2), so that 
the coordinates of leakage point can be obtained 
subsequently. 
By using upper strategies, local entropy matrixes with 
absolute values of the two thermal images shown in 
Figure 6 are calculated, and are presented in Figure 7 (a) 
and Figure 7 (b) respectively, finally the difference 
matrix between them can be easily gotten, as shown in 
Figure 8 (c). 

(a) Absolute local entropy matrix of Figure 6 (a) 

(b) Absolute local entropy matrix of Figure 6 (b) 

(c) Difference matrix between (a) and (b). 

Figure 7 Local entropy matrixes 

As shown in Figure 8 (c), the singular value in matrix 
fits the leakage point well, and the adoption of local 
entropy difference algorithm eliminates the shape 
information of test vessel effectively. After operation, 

the contrast between leak area and non-leak area gets 
much more obvious, meanwhile noise and geometric 
distortion of the thermal images are suppressed 
evidently. 

CONCLUSON  

The leakage detection and localization method based on 
infrared thermography for the vessels is proposed in this 
paper, and it is proved to be feasible by simulating and 
experimental results. Mathematical model has been 
established for heat transfer, and it is evident that the 
differences in temperature caused by leak are 
conspicuous enough to be detected, especially by the 
use of compressed air of low temperature are. Moreover, 
speed optimization of local entropy difference algorithm 
should be done in the further study for its computational 
complexity. 
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STUDY OF A GAS THRUST BEARING WITH SUPPLY 
GROOVES
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ABSTRACT 

Plane externally pressurized thrust gas bearings for high speed spindles are considered. The behavior of the 
rotor-bearing system is studied both numerically and experimentally. A numerical model based on Reynolds equation is 
used to simulate the static and dynamic behavior of the system. Flow rate equation through inlet orifices is coupled with 
Reynolds equation. The flow rate is calculated by considering an experimentally determined discharge coefficient, that 
is function of holes diameter and local clearance. To increase stiffness are studied thrust bearings presenting a 
circumferential groove situated at the same radius of the supply holes. The influence of the groove on stiffness and 
stability is discussed. Simulations are made to evaluate the influence of supply holes diameter and of axial clearance on 
bearing characteristics. 
Two thrust bearings are studied experimentally. They are composed by a symmetric couple of disks facing the rotor 
flange. The internal and external diameters of the disks are 52 mm and 110 mm and equipped with 8 holes of diameter 
0.35 mm on a circumference of diameter 65 mm. A thrust bearing present a rectangular section circumferential groove, 
located at the same radius of the orifices, of width 0.7 mm and thickness 10 m. 
Comparisons between simulated and experimental stiffness are presented. 

KEY WORDS  

Gas, Thrust, Bearing, Grooves  

NOMENCLATURE 

b critical ratio = 0.528 

SC conductance

dc discharge coefficient 

Sd supply orifice diameter  
F axial force acting on the rotor 

(comprehensive of rotor weight) 
G mass flow rate 
h axial clearance 

0h axial clearance in central position 
gh groove depth 

K axial stiffness 
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Tk temperature coefficient 0T/293
m rotor mass 
N number of orifices on each bearing disc 
P absolute pressure 
SP supply absolute pressure 
q inlet mass flow rate per unit surface 

Re Reynolds number 
0R gas constant  = 287.6 m2/s2K

r radius 
gr groove radius 

or supply holes circumference radius 
S orifice section 
0T absolute temperature in normal condition 

t time 
gw groove width 

z axial coordinate 
air viscosity 

N air density in normal condition 
angular coordinate 
rotational frequency 

INTRODUCTION 

Air bearings are often used in precision systems and 
high speed spindles for low friction losses and high 
positioning accuracy. They are applied in linear 
guideways, thrust bearings and rotating systems. Typical 
supply systems in case of circular geometries are 
annular orifices compensated bearings. 
The design of such systems is more and more 
sophisticated and concerns the number and the diameter 
of supply orifices, the bearing geometry and sometimes 
the choice of grooves machined on bearing surfaces. 
The static and dynamic performance of these bearings 
depend on these parameters. Numerous are the studies 
on this field intended to optimize either stiffness or air 
flow rate [1]-[7]. Other works concentrate the study on 
the micro grooves [8,9] and on the benefits they 
introduce on the load capacity. It doesn’t exist a single 
procedure that allows to find the best solution, because 
according to the applications the design requirements 
are different.  
In [10] is presented a theoretical and experimental work 
on high speed spindle radial air bearings. Figure 1 
shows the section of the spindle, composed by the carter 
1, the rotor 2 of length 460 mm and diameter 50 mm, 
the radial bearings 3, the double thrust bearing 4. Each 
radial bushing presents 16 radial orifices of diameter 
0.25  0.01 mm, fabricated with EDM process. Radial 
clearance is approximately 20 m. 
Air bearings are supplied by ports 5. The rotor is 
accelerated by the pneumatic turbine 6, supplied by the 
distributor 7.  

Figure 1 Pneumatic spindle

In this paper is studied the thrust bearing of the 
above-mentioned spindle with two different thrust 
geometries. The first solution considers plane disks with 
supply orifices equispaced, the other one presents a 
circular groove in correspondence of the supply orifices 
as well. Are described the geometry of the thrust 
bearings, the mathematical model, the test rig, the 
experimental and numerical results in terms of load 
capacity and stiffness. Then stability is numerically 
studied. 

SCHEME OF THE THRUST BEARING AND 

NUMERICAL MODEL 

Figure 2 shows the principal geometric parameters of 
the thrust bearing. It is composed by two disks 1 and 2
of inner radius separated by the central ring 3.
Between disks 1 and 2 is present the flange 4, of radius 

, jointed to the rotor of radius . The difference of 
thickness between ring 3 and flange 4 defines the axial 
gap 

ir

er R

21 hh . On each disc 1 and 2 are symmetrically 
machined  equispaced axial nozzles of calibrated 
diameter , positioned on a circumference of radius 

. In case a of Figure 2 is visible the supply orifices 
geometry. In case b the disks present a circumferential 
groove of radius 

N
Sd

or

og rr and rectangular section of 

width  and depth .gw gh F  is the axial force 
applied, comprehensive of the rotor weight, z  and 
are the cylindrical coordinates. 
To model the thrust bearing were made the assumptions 
of isothermal expansion, laminar and viscous flow in 
the gap. Defining  the air mass flow rate through 
each supply hole, the time dependent Reynolds’ 
equation (1) [11] in polar coordinates was solved with 
finite difference method for the two axial gaps. 

G

qrTR12PPh
r
PPh

r
r 200332

t
Phr12Phr6 22       (1) 
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Figure 2 Scheme of thrust bearing

The clearances relative to each bearing disc are: 

zhh
zhh

02

01  (2) 

where  is the clearance when the rotor flange is 
centered between the thrust bearing disks. 

0h

Term )d dr r/(Gq  is the inlet mass flow rate per 
unit surface and is calculated only in the nodes that 
coincide with the supply holes.  is the absolute 
supply pressure. Mass flow rate  is calculated in 
accordance with ISO 6358, where  is the supply hole 
downstream absolute pressure, see equation. (3). 

SP
G
cP

Conductance  appearing in the mass flow rate 
formula is expressed by equation (4), in which S is the 
cross-section of the simple orifice and  is the 
discharge orifice coefficient. The former depends on 
local clearance , on supply port diameter  and on 
Reynolds number , calculated with (5) in 
correspondence of supply port section. The value of 
was experimentally determined by measuring  and 
the pressure distribution under the orifice [13]. The 
equation extrapolated is (6). 
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In Figure 3 is shown the pressure distribution (expressed 
in Pa) in case of eight orifices of diameter , supply 
pressure =0.7 MPa and clearance =15 m. 
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Figure 3 Numerical axial pressure distribution 

Static 

Calculations were made to obtain the pressure 
distribution in the thrust bearing at different air 
clearances . In this case the program solves 
equations (1) to (5) numerically in time from initial 
condition 

0h

aPP  everywhere and reaches the 
steady-state solution after a transient. Mass flow rate 
through the supply holes is calculated iteratively 
evaluating the hole downstream pressure level pc from 
(1), calculating G from (3-4), Re from (5), cd from (6) 
and substituting in (3-4) till convergence. 

Dynamic

To analyse the step-jump response of the thrust bearing, 
equations (1 to 5) were solved in time together with the 
axial spindle equation of motion (7): 

tFtFz m t  (7) 

in which  is the reaction force of the thrust bearing 
and  is the rotor mass, equal to 7.24 kg. The reaction 
force is calculated by integrating the pressures  and 

 present in the axial air gaps  and  over the 
thrust surfaces: 

tF
m

1P

2P 1h 2h

2

0
12

e

i

r

r
t ddrrtPtPtF  (8) 

EXPERIMENTAL SET UP 

Figure 4 shows a scheme of the set up to measure load 
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capacity and stiffness of the double thrust bearing. The 
carter 1 is mounted vertically on basement 2. The load 
devices 3, 4 are composed by two hollow cylinders 
containing a calibrated sphere with a clearance of 40 m. 
They are positioned radially and axially and they are 
facing the nose 5. The load on the rotor is applied by 
pressurizing the inside of the cylinders; its value is 
obtained by measuring this pressure. For these tests only 
axial load was applied and without rotation of the 
spindle ( 0 ). The axial load device allows to load 
rotor upwards. To load rotor downwards calibrated 
masses were laid on its top. In this way it was possible 
to measure the characteristics in both directions of the 
external load.  
Two are the supply air lines: one is dedicated to the 
bearings, another to the load devices. In the first one is 
present a reservoir that assures temporarily supply air 
also in case of failure of the principal supply line. In 
both are used two high efficiency filters of class 1 that 
maintain the air clean from micro particles that could 
choke some orifices. 

2
1

5

3

4

7

6

26
32.5 

55

Figure 4 Thrust bearing section 

A capacitive displacement transducer 6 with 0.1 m
resolution, 500 m full scale reading and 6 kHz 
passband was used to measure the axial displacement 
z . The amplified signal was read on a dedicated 
conditioning module.  
In the same figure is also shown a magnification of the 
double thrust bearing, where are visible radial and axial 
supply channels. Supply calibrated holes are fabricated 
with EDM process. The geometric parameters chosen 
for the prototypes type a and b are = 8, = 0.35 
0.01 mm, = 32.5 mm, =26 mm, =38.5 mm. 
The nominal axial clearance is h

N Sd

or ir er
0 =19 m. It results 

measuring axial gap  like above described 
using Eq. (2). This value was then compared measuring 
the axial gap by moving the rotor axially without supply 
pressure. In this case h

21 hh

0 is calculated from the rotor 
axial displacement and it is equal to 13 m. The 
difference between the two h0 values is probably due to 
geometric tolerance in fabricating the disks of the thrust 
bearing and on the measure precision. 
For the geometry b the groove is defined by: = 0.7 

mm, = 10 m. Figure 5 shows a photo of the 

grooved disk and the enlargement of a supply hole. 

gw

gh

Figure 5 Photo of grooved disk and supply orifice 
magnification 

In Figure 6 are shown the supply air lines of the system: 
one is dedicated to the bearings, another to the load 
devices. In the first one is present a reservoir 8 that 
assures temporarily supply air also in case of failure of 
the principal supply line. In both are used two high 
efficiency filters 9 of class 1 that maintain the air clean 
from micro particles that could choke some orifices. 

100 Lt
DX

8

DX BX

BX

DX BX

9

Figure 6 Supply bearing system 

RESULTS AND DISCUSSION 

Static behavior analysis 

Experimental and numerical results are discussed in 
static behavior considering =0.35 mm,  = 19 

m, and different supply pressure  (0.3-0.9 MPa) 
for the two thrust bearings realized ( = 0 m, 

=10 m). Figures 7 and 8 show the load F v.s. axial 
displacement experimental diagrams without and with 
groove.  

Sd 0h

SP

gh

gh

Positive and negative loads are obtained respectively 
using the axial load device and applying calibrated mass. 
The zero displacement point is obtained by applying by 
the load device an external force opposed to the rotor 
weight. 
Comparing Figures 7 and 8 it is clear that the groove 
increases stiffness and improves the linearity of the 
characteristics. It is also verified the simmetry respect 
the zero. 
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Figure 7 Load v.s. displacement experimental diagram 
in case of thrust without groove 
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Figure 8 Load v.s. displacement experimental diagram 
in case of thrust with groove

In Figures 9 and 10 are compared numerical and 
experimental load carrying capacities respectively 
at = 0.7 and 0.3 MPa. In particular in Figure 9 
calculated stiffness with =10 m is 40 N/ m, while 

without groove it is 28 N/ m, that is 30% lower. 
Numerical results present good linearity in the range 

SP

gh

0h/z =0 0.4. Experimental stiffness are 6% and 
12% lower than numerical ones in case of 10 mm 
groove and without groove respectively.  
In case of =0.3 MPa without groove difference 
between numerical and experimental results is more 
evident. 
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Figure 9 Load v.s. displacement with =0.7 MPaSP

0 2 4 6 8 10 12 14 16

Displacement z [ m]

0

20

40

60

80

100
Lo

ad
 F

 [N
]

PS=0,3 MPa
dS = 0,35 mm
h0=19 m
hg= 0 m, th.
hg= 10 m, th.
hg= 0 m, exp.
hg= 10 m, exp.

Figure 10 Load v.s. displacement with =0.3 MPaSP
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Figure 11 Stiffness v.s. supply pressure SP
Figure 11 shows a comparison between numerical and 
experimental stiffness for both thrust bearings at 
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different supply pressures. 
To evaluate stiffness was considered a 4 m
displacement with respect to central position (z = 0). 

Step response and stability analysis 

In this section are shown the dynamic numerical 
simulations of thrust bearing considering =0.35 mm, 

 = 19 m, and supply pressure  = 0.7 MPa. 
Stability is investigated by analyzing the rotor response 
to a 100 N force step with different groove depth: 

=0, 10 and 20 m. In Figure 12 are compared the 
responses in the three cases, considering the 7.24 kg 
rotor mass. It is visible that by increasing the groove 
depth stiffness increases but motion becomes lower 
damped till instability for =20 m.  

Sd

0h SP

gh

gh

Figure 12 Thrust step response 

It was verified that with the 20 m deep groove the 
thrust is unstable. So the preferred solution is to adopt a 
thrust bearing with a groove of 10 m depth. 

CONCLUSIONS 

Comparisons between simulated and experimental 
stiffness and flow rate are shown. Numerical method is 
suitable to simulate a grooved thrust bearing. 
The circular groove increases stiffness, but numerical 
results show that the groove volume decreases stability. 
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ABSTRACT 

Research on the robot hand actuated by pneumatic muscle actuators is significative for its complaisance and dexterity. In 
this paper, a new kind of dexterous hand is designed and produced. The layout of tendon is analyzed and optimized. 
Furthermore, a single finger is controlled by Fuzz-PID and the good control precision is achieved. And, the master-slave 
control of the whole dextrous hand is realized simulating the movement of human hand with a cyber-glove. 

KEY WORDS 

dexterous hand, pneumatic muscle actuator, fuzzy-PID control, master-slave control 

INTRODUCTION

Dexterous robot hand is a highly integrated electrical and 
mechanical system, involving machinery, electronics, 
computers, control, and other subject areas. Since the 
1980s, the technology on the pneumatic muscle actuator 
(for short, PMA) has been developing. The PMA as a kind 
of robot actuators attracts more and more attention from 
researchers. 
After a great deal of research on the PMA, the author and 
colleague of the laboratory design a humanoid dexterous 
robot hand, driven by PMAs, transited by tendons. The 
single-finger is controlled by fuzzy PID, and the whole 
hand planning and master-slave control is based on the 
cyber glove. It is achieved initial results. 

STRUCTURE 

System View 

The dexterous hand equipment (Figure 1) is constructed 
from 4 parts. They are dexterous fingers as the controlling 
object, PMA as the actuator, tendons as the transmission 
device and proportional pressure valves. 
Humanoid dexterous hand is designed into an integrated 
structural system (hand + arm): the hand and the arm are 
jointly designed and cannot be conceived as separate 
subsystems (examples of this approach are the Utah Hand 
[1], the Robonaut hand [2], the Shadow Hand [3] and the 
ZAR hand [4]). An integrated system can distribute these 
actuators in the whole structure, placing them where room 
is available. Pneumatic muscles which are used to drive 
fingers are placed in the forearm muscle and the drivers of 
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the wrist are placed in the upper arm. The power and 
movement of pneumatic muscles are transited by tendons, 
which enhance the effectiveness of the bionic, and 
effectively reduce the size of the palm and fingers. 

Figure 1 BIT hand Figure 2 DOF of hand 

The PMA of the Shadow company, is 6 mm in diameter, 
200 mm in a total length and 10 grams in weight , as 
Figure 3 shows. It can contract 30 mm, and provide 70N 
at maximum force. The proportional pressure valve is the 
ITV0050 from the SMC. 

Figure 3 PMA of Shadow Company 

Mechanical Profile 

As a humanoid dexterous hand, it has 5 fingers. Although 
the four-fingered dexterous hands, or even three-fingered 
dexterous hands can make grasp equally well, but the 
five-fingered dexterous hand, which make control simple, 
do grasp better. When hold objects in hand, each finger 
would not have a very clear task demarcation, that 
control algorithm will be correspondingly simple [5]. 
Dexterous hand composed by a palm and 5 fingers. The 
palm is connected with metacarpals of the thumb and the 
little finger and the near sections of the index finger, the 

middle finger and the ring finger (Figure 4). 

Figure 4 Hand components 

The dexterous hand with five fingers, except wrist, has a 
total of 17 degrees of freedom as shown in Figure 2. The 
thumb has 4 joints, 4 degrees of freedom; the index 
finger has 4 joints, 3 degrees of freedom; the middle 
finger has 4 joints, 3 degrees of freedom; the ring finger 
has 4 joints, 3 degrees of freedom; the little finger has 5 
joint, 4 degrees of freedom. There are 34 PMAs in all. 
The wrist has 2 joints and 2 degrees of freedom, which 
driven by 4 PMAs.  
Except the thumb, the 2 remote joints of other 4 fingers 
are coupled by tendons. The coupled joints are combined 
for a degree of freedom respectively, that is, to reduce 
the driver number of fingers and to make the movement 
of fingers more like human fingers as shown in Figure 5. 
Each PMA transits the movement and the power through 
a tendon. The tendon is fixed on the end of knuckle. A 
couple of PMAs and tendons make up of a degree of 
freedom shown in Figure 6. The index finger, as an 
example, has 3 independent degree of freedoms and 
driven by 6 PMAs.  

Figure 5 Linkage of joints 
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Figure 6 Tendons in a finger 

The shape of the dexterous hand has a high imitation of 

human nature. It was designed in the size of the scope of 
the general human hands, and it has the same dimension 
with real hand (Table 1). 

SINGLE FINGER CONTROL 

System View 

The movement of the dexterous finger in each degree of 
freedom is actuated by PMAs. Through accommodating 
the compressed air in pneumatic muscles, we can control 
the contractile capacity of muscle. Using tendons, the 
joint movement is towed by muscle contractility.  
The control system of dexterous finger, as shown in 
Figure 7 is comprised by pneumatic muscles, an 
industrial computer, a PCI-1710 analog input card, a 
PCL-727 analog output card, SMC ITV-0050 valves and 
position sensors. 

Table 1 Dimension of the hand 

Thumb 
[mm] 

Index finger 
[mm] 

Middle finger 
[mm] 

Ring finger
[mm] 

Little finger
[mm] 

Palm length
[mm] 

Palm width 
[mm] 

Palm thickness
[mm] 

77 105 105 105 105 100 88 17 

Figure 7 Control system of the dexterous finger 

Figure 8 Experiment system of single finger control 

In the control system of single finger, we measure the 
constriction of the PMA in order to calculate the joint 
angle indirectly. The position sensor adopts the linear 
potentiometer with 50K .

Fuzzy PID 

In the fuzzy-PID controller, PID parameters are adjusted 
referring to the fuzzy rule and the fuzzy inference. The 
detail control algorithm is indicated as follow (Figure 9): 
the inputs are error and the rate of error, noted by e and ec.
According to the fuzzy rule, the PID control parameters 
Kp, Ki and Kd are adjusted on-line, to meet the 
performance requests of controller parameters for 
different errors and different rates of error. After that, the 
controlled object performs preferable static performance 
and dynamic performance, according with the demands of 
control system. 
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Figure 9 Fuzzy-PID position control system 

The algorithm of the integral separation PID position 
controller is as following: 
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we program and calculate by Matlab to produce control 
decision table for Kp, Ki and Kd which is stored in 
computer. During the control process, using the fetch 
table method to read the data from control decision table 
reduces on-line computing time and increases processing 
velocity of system. 

Control result 

For the dexterous hand joint actuated by pneumatic 
muscles, using PID and fuzzy-PID respectively to track 
the square wave, the contrast experiment result is as 
Figure 10.  
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Figure 10 Contrast of PID and fuzzy-PID control effort 

In the contrast experiment for tracking the square wave, 
we can find that by using PID control, there is much more 
overshoot in the descending portion of the curve. 
However, fuzzy-PID control performs the faster response 
and the smoother curve. The system sampling frequency 

goes up from 100ms to 50ms. Therefore, it not only can 
track the signals with higher frequencies, but also increase 
processing velocity of system 

MASTER SLAVE CONTROL 

System View 

Current control system is comprised as following: a 
humanoid dexterous hand with five fingers, 34 pneumatic 
muscles, 34 pressure proportional valves, a cyber-glove, 
an industrial computer and 3 pieces of PCL-727 analog 
output cards. 

Figure 11Sketch map of control loop 

Cyber-Glove 

We need to gather all the real-time information about 
every joint angle, when any of them is changing. As one 
of the common equipments in virtual reality system, the 
cyber-glove is the preferred equipment to gather and 
output signals (Figure 12). In this cyber-glove, there are 
15 flexible sensors fixed on each joint (Figure 13). 

Figure 12 Cyber-glove Figure 13 Sensors on glove

Control Strategy 

For representing the control effects of dexterous hand 
intuitively, each joint of dexterous hand follows the 
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movements that each joint of human hand performs, as 
real-time master-slave control. Because of lacking sensors 
fixed on the dexterous hand, the system control structure 
is not a closed loop control. Currently, we use the 
master-slave open loop control strategy, based on the 
model analysis (Figure 14).  

Reform
Data frames

Angle
Mapping

Demarcate

Hand
Model

Coupling

Muscle
Model

Dynamics

ITV
Model

Cyber
Glove

Sensor
Data

Figure 14 Master-slave control based on model 

Control Effect 

The actual control effects indicate that the dexterous hand 
is able to pose common gestures just as the human hand, 
as shown in Figure 15. 

(a) (b) 

(c) (d) 
Figure 15 Gestures just as the human hand 

The power grasping demonstration (Figure 16) includes 
grasping a cylinder object (16-a), an angle column object 
(16-b) and a spherical object (16-c). The cylinder object is 

a capped bottle. The angle column object is an empty 
bottle. The spherical object is an orange. The actual 
control effects indicate that the dexterous hand is able to 
steadily grasp objects with different shapes, sizes and 
qualities, by using its five fingers. 

(a) (b) 

(c) 
Figure 16 Power grasping 

The precision grasping demonstration (Figure 17) 
includes seizing an orange with the thumb and the 
forefinger in Figure 17-a, or seizes a screwdriver with the 
thumb, the forefinger and the middle finger in Figure 17-b, 
or grasps a compact disc with the thumb, the forefinger 
and the middle finger in Figure 17-c. The actual control 
effects indicate that the above dexterous hand possesses 
potential abilities for grasping objects and manipulating 
instruments accurately. 

CONCLUSIONS 

This paper deals with a new kind of dexterous hand 
actuated by PMAs. Following conclusions can be 
summarized: 
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1. The dexterous hand actuated by PMAs is designed and 
manufactured. 
2. A single finger is controlled by Fuzz-PID and the good 
control precision is achieved.  
3. The master-slave control of the whole dextrous hand is 
realized simulating the movement of human hand with a 
cyber-glove. The dexterous hand has the grasp ability as 
the human does, which can be seen from the master-slave 
control results. 

(a) 

(b) (c) 
Figure 17 Precision grasping 

However, much future work shoud be done. For example, 
to further improve the system response rate, the process 
of increasing friction compensation algorithm is needed. 
The current system of whole hand is still open-loop 
control system. In the future, to form a position 
close-loop system, angle sensors are needed; to form a 
force close-loop system, tactile sensors are needed. And 
the adoption of distributed signal acquisition and 
processing can reduce system complexity.  
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ABSTRACT 

We have many small diameter pipes that are gas or water pipes for individual or corporate houses and boilers or hot 
water pipes for industries. They must be periodically inspected in order to protect the accident previously. Diameters of 
these pipes are different at the place where pipes change from the main to the branch and a step comes here. The 
inspection robot for these pipes must move different diameter and go over the step. We propose a mobile robot that 
imitates the moving of a green caterpillar. The robot is constructed by the eight parallel rubber bellows and three suction 
brakes. The fabricated mobile robot was confirmed to move in different diameter pipes whose diameters are more than 
70 mm. Its speed was 20 mm/s. 

KEY WORDS  

A green caterpillar, In-pipe, Robot, Bellows, Suction brake 

INTRODUCTION 

We have many small diameter pipes that are gas or 
water pipes for individual or corporate houses and 
boilers or hot water pipes for industries. These pipes 
may be occurred to injure or to corrode by their decrepit. 
The injury or the corrosion of pipes causes the leak of 
fluid and links to the accident. So, these pipes must be 
periodically inspected in order to protect the accident 
previously. They are settled in the ground or in the 
narrow spaces and some of them are covered by casings 
or hard heat insulators. So, it is very difficult to inspect 
from outside of the pipe. If we can insert a mobile 
inspection robot into the pipe from the suitable position, 
we are easy to inspect the pipe. In-pipe mobile robots 
driven by pneumatic actuator have been proposed by 

several research groups for same diameter pipes [1], [2]. 
However, some of these pipes are long and their 
diameters are different at the place where pipes change 
from the main to the branch. The diameter of pipes is 
within 70 mm and 150 mm for example. So, the 
inspection robot for these pipes must move in different 
diameter, generating large traction force for the 
inspection of long distance. 
We have fabricated inspection robots applying an 
earthworm and an inchworm [3], [4]. A braking 
mechanism which is using cone-shape friction rings for 
the earthworm type inspection robot is designed for the 
diameter of 79 mm. Then the inspection robot could not 
move in pipes whose diameter changes more than 5 mm 
from 79 mm. The earthworm type inspection robot can 
not move in pipes that the diameter changes from 70 
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mm till 150 mm. On the other hand, the inchworm type 
inspection robot which is using bulging brakes is 
confirmed to move in pipes whose diameter is 70 mm 
and 140 mm. However, the traction force of the 
inchworm type inspection robot changes on the 
diameter of the pipe. The traction force is 11 N at the 70 
mm pipe, but is only 1 N at the 140 mm pipe. 
The traction force depends on the friction force of the 
braking mechanism. So, we propose a suction brake for 
the braking mechanism. The suction brake can stick on 
the pipe and hold the pipe by the negative pressure 
supplied from a vacuum pump. The friction force of the 
suction brake is so larger than those of another braking 
mechanism and is predicted easily. 
Now, we remark the moving motion of a green 
caterpillar. The green caterpillar sticks a passage such as 
the leaf by its prolegs. If we can imitate prolegs by the 
suction brake, we may obtain large traction force. The 
green caterpillar moves its prolegs by waving its 
abdomen. This waving motion is imitated by the action 
of four parallel rubber bellows actuator driven by 
pneumatic and vacuum pressure. 
The inspection robot that is imitated the green 
caterpillar can move at the speed of 20 mm/s in the pipe 
whose diameters are from 70 mm to 150 mm, 
generating the traction force of as large as 20 N. We 
may inspect long and different diameter pipes, because 
we have obtained large traction force. Besides, the green 
caterpillar type inspection robot has been confirmed to 
pass the step more than 5 mm.

GREEN CATERPILLAR 

We observed moving motion of the green caterpillar. 
The moving motion is shown in Figure 1. The green 
caterpillar consists of a head, a thorax and an abdomen. 
The thorax has six true legs and the abdomen has five 
pairs of prolegs. Five pairs of prolegs make three groups 
that are front two pairs, central two pairs and rear one 
pair of prolegs. The prolegs of the rear one pair are 
called as claspers. The prolegs are not segmented, but 
are cylindrical. They are used for walking and clinging 
as they have microscopic hooks on the base. 
The moving of the green caterpillar is as follows. 
(a) In the initial condition, the green caterpillar is 
sticking to the leaf by all of prolegs of the abdomen and 
is stationary. 
(b) The rear abdomen waves and the rear one pair of 
prolegs (claspers) are taken off.  
(c) The central abdomen waves and the central two pairs 
of prolegs are taken off and the rear one pair of prolegs 
land on the leaf that is forward direction from the initial 
condition. 
(d) The front abdomen waves and the front two pairs of 
prolegs are taken off and the central two pairs of prolegs 
land on the leaf that is forward direction from the initial 
condition. 

Moving direction

(a)

(b)

(c)

(d)

(e)

Thorax Abdomen

Prolegs
(Claspers)

True legs

Head

Prolegs

Figure 1  Moving Motion of a green caterpillar 

Air feeding tubes

Suction brakes
Front somite Rear somite
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40
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16

Upper bellows

Lower bellows

Figure 2  Structure of in-pipe mobile robot 

(e) The green caterpillar stops its waving and sticks the 
all of prolegs to the leaf. Then, the head and the thorax 
are moved to forward direction. The cycle of moving of 
the green caterpillar ends. 
We understand that the green caterpillar can move to the 
forward direction by moving of three groups of prolegs 
in order to the forward direction. 

STRUCTURE OF THE ROBOT 

A fabricated robot is imitated the abdomen of the green 
caterpillar. A structure of the robot is shown in Figure 2. 
The abdomen is imitated by two groups of four parallel 
rubber bellows actuators which are arranged in the 
matrix of two rows and two columns. The matrix of two 
rows and two columns makes a somite of the abdomen.  
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Two parallel rubber bellows in the same row are 
supplied same pressure by an air feeding tube. The 
bellows made of Nitrile Butyl Rubber (NBR) is 16 mm 
in diameter and 76 mm long. A group of prolegs is 
imitated by a suction brake. The suction brake is a 
sucker made of NBR and its diameter is 40 mm. The air 
feeding tube for positive and negative pressure is 
connected in the center of the suction brake. Three 
suction brakes are arranged at the front, the center and 
the rear of the two groups of four parallel rubber 
bellows actuators. 

CONTROL SYSTEM OF THE ROBOT 

A control system of the robot is shown in Figure 3. The 
system is constructed by a robot, seven electromagnetic 
valves, two different (positive and negative) pressure 
sources, a computer and a valve controller. The positive 
pressure source is an air compressor and the negative 
pressure source is a vacuum pump. The moving 
sequence of the robot is programmed in the computer. 
The electromagnetic valves are controlled by the 
computer through the valve controller. The 
electromagnetic valve has three ports. The output ports 
of the four electromagnetic valves are connected to the 
bellows for the abdomen through the air feeding tubes. 
The output ports of the three electromagnetic valves are 
connected to the suction brakes through the air feeding 
tubes. The ones of input ports are connected to the 
vacuum pump and the others are connected to the 
atmospheric pressure. 

MOVING MOTION OF THE ROBOT 

The robot moves in the pipe by stretching and bending 
motion of two somites and sticking of the suction brakes 
using positive and negative pressure. 
Moving principle of the somite
Moving principle of the somite is shown in Figure 4. 
The somite consists of bellows. The bellows stretches 
when positive pressure is supplied and shrinks when 
negative pressure is supplied. That is, the somite 
stretches when positive pressure is supplied to the upper 
and the lower bellows. The somite shrinks when 
negative pressure is supplied to the upper and the lower 
bellows. Besides, the somite can bend when different 
pressure is supplied to the upper and the lower bellows, 
for example, the somite bends upward, when positive 
pressure is supplied to the upper and negative pressure 
is supplied to the lower bellows. The waving motion of 
the green caterpillar can be imitated by the stretching, 
shrinking and bending motion of the somite. 
Characteristics of the suction brake
The robot generates friction force by the suction brake. 
A model of the suction brake is shown in Figure 5. The 

suction force N by the suction brake is shown by Eq. (1), 
where p is the pressure at the radius r from the center of 

Electromagnetic valve

Vaccum pump

Air filter

Air tank

Vacuum tank

Computer

Air compressor
Regulator

Robot

Figure 3  Control system of in-pipe mobile robot

(i) Stretching

(iii) Bending(ii) Shrinking

P

P
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N
N

N

P : Positive pressure

N: Negative pressure

Upper bellows
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Figure 4  Moving principle of somite 
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 Figure 5  Suction brake model 
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the suction brake. 

              rrpN d2                 (1) 

An internal pressure distribution in the suction brake is 
shown in Figure 6. The internal pressure distribution is 
measured radially from the center of the suction brake 
put in the pipes whose diameters are 70 mm and 150 
mm. Supplied pressure p0 is -84 kPa. The internal 
pressure distribution does not depend on the diameter of 
the pipe. The internal pressure is -84 kPa at the center of 
the suction brake and less than -80 kPa at the radius 
within 8 mm. However, the internal pressure is 0 kPa at 
the radius over 9 mm. The suction force N is obtained as 
21.3 N by using Eq. (1) and the internal pressure 
distribution shown in Figure 6.  
The suction force N is represented by Eq. (2), where A
is the area of the suction brake and  is the constant.  

              0 ApN                 (2) 

From comparing of the result of Eq. (1) and Eq. (2), we 
obtain that the constant  is 0.2. We can predict the 
suction force N from Eq. (2). 
The maximum friction force F is shown by Eq. (3), 
where 0 is the friction factor between the suction brake 
and the pipe. 

               NF 0                   (3) 

The friction factor obtained by an experiment is 1.8 in 
the case of acrylic pipe and the suction brake.  
The maximum friction force F is measured by an 
experiment where negative pressure is -84 kPa. A 
calculated value F and a measured value F of the 
maximum friction force are shown in Figure 7. We may 
predict the maximum friction force, because the 
measured value F almost coincides with the calculated 
value F by Eq. (2) and Eq. (3). 
Moving principle of the robot and its confirmation 
Internal pressure of the robot is measured when the 
robot is moving in an acrylic pipe whose diameter is 
110 mm. Measured results are shown in Figure 8, 9, and 
10. Moving motions by the pressure changes are shown 
in Figure 11. The robot moves to the forward direction 
by moving its three suction brakes in order to the 
forward direction. The robot waves its front and rear 
somite to push the suction brake to the wall of the pipe 
and to lift up the suction brake from the wall of the pipe. 
The suction brake can stick the wall of the pipe by 
supplying the negative pressure and release the wall of 
the pipe by supplying the atmospheric pressure. In 
Figure 11, black colored suction brake shows that the 
suction brake sticks the wall of the pipe and white 
colored suction brake shows that the suction brake   
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 Figure 10  Internal pressure in rear somite 

releases the wall of the pipe. 
In the initial condition, the robot shrinks its front and 
rear somite and sticks its three suction brakes on the 
pipe and is in the stationary.  
Step 1: After 0.2 seconds of the moving start, the front 
suction brake releases the wall of the pipe, because the  
internal pressure of the suction brake goes up to 0 kPa. 
After the moment, the suction brake keeps the releasing 
motion in the time of 0.5 seconds. The front somite 
stretches to the forward direction, because, the internal 
pressure of the front somite goes up to 25 kPa from -60 
kPa in this time. Then, the front suction brake moves to 
the forward direction.    
Step 2: The front suction brake sticks the wall of the 
pipe, because the internal pressure of the front suction 
brake goes down from 0 kPa after 0.8 seconds of the 
moving start. 
Step 3: The central suction brake releases the wall of the 
pipe, because the internal pressure of the central suction 

Step 2

Step 3

Step 4

Step 5

Forward direction

Step 1

Initial
condition

Step 6

Front Central Rear

Figure 11  Moving principle of in-pipe mobile robot 

brake goes up to 0 kPa after 1.1 seconds of the moving 
start. In this time, the front somite shrinks, because the 
internal pressure of the rear somite goes up over 0 kPa. 
Then, the central suction brake moves to the forward 
direction. 
Step 4: The central suction brake sticks the wall of the 
pipe, because the internal pressure of the central suction 
brake goes down from 0 kPa after 1.5 seconds of the 
moving start. 
Step 5: The rear suction brake releases the wall of the 
pipe, because the internal pressure of the rear suction 
brake goes up to 0 kPa after 1.8 seconds of the moving 
start. The rear somite shrinks because the internal 
pressure of the rear somite goes down over 0 kPa. Then, 
the rear suction brake moves to the forward direction.    
Step 6: The rear suction brake sticks the wall of the pipe, 
because the internal pressure of the rear suction brake 
goes down from 0 kPa after 2.5 seconds of the moving 
start.
The time required to a series of the moving motion is 
2.5 seconds. The robot can move in the pipe by 
repeating the steps.

MOVING CHARACTERISTICS OF THE ROBOT 
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The positive pressure of 50 kPa and the negative 
pressure of -84 kPa are used in the experiment and 
diameters of pipe made of acrylic are within 70 mm and 
150 mm. 
Moving speed 
Moving speed of the robot is measured in the pipe 
which is set in horizontal and vertical. The moving 
speed is shown in Figure 12. Average speed is 20 mm/s 
in the horizontal case and 23 mm/s in the vertical case. 
It is confirmed that the moving speed does not depend 
on the diameters of pipe by the experiment. 
Traction force 
The experimental traction force is shown in Figure 13. 
The traction force of 20 N is obtained and does not 
depend on diameters of the pipe. It is confirmed that the 
traction force is about half of the maximum friction 
force. 
Confirmation of passing of the step 
The robot is confirmed to pass the step of 5 mm that is 
made by connecting of pipes whose diameters are 110 
mm and 120 mm. The robot can pass the step by its 
waving motion of the somite. 

CONCLUSIONS 

We obtained next conclusions concerning an in-pipe 
mobile inspection robot which imitates the green 
caterpillar. 
(1) The green caterpillar can move to the forward 
direction by moving of three groups of prolegs in order 
to the forward direction. The green caterpillar moves its 
prolegs by waving its abdomen.  
(2) In the fabricated robot, the abdomen of the green 
caterpillar is imitated by bellows and the prolegs are 
imitated by the suction brake. The somite structured by 
four parallel rubber bellows actuators which are 
arranged in the matrix can imitate the waving motion of 
the abdomen. The waving motion of the somite could 
push the suction brake to the wall of the pipe and lift up 
the suction brake from the wall of the pipe. 
(3) The robot that is imitated the motion of the green 
caterpillar can move pipes whose diameter are more 
than 70 mm. Average speed is 20 mm/s in the horizontal 
case and 23 mm/s in the vertical case. The traction force 
is 20 N and does not depend the diameter of the pipe. 
This type inspection robot may move long distance, 
because it has larger traction force. The robot is 
confirmed to pass the step of 5 mm. 
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ABSTRACT 

In this paper, a novel pneumatic cylinder is proposed, named Magnetic Brake Cylinder. It is composed of a tank, a 
pneumatic cylinder, and a permanent magnet, and with this, the piston is held by the attractive force of the magnet until 
the pressure inside the tank is very high, offering a higher driving power than an ordinary cylinder when using the same 
pressure source. In addition, a control method of its driving power is introduced. The developed actuator is then 
mounted into two types of rescue inspectors: a rolling and jumping rescue robot, which uses a cylinder to jump over 
obstacles, and a throw and collect rescue inspector, which deploys with the cylinder a child machine over high obstacles. 
Both developed prototypes showed higher jumping and throwing height than when using an ordinary cylinder, proving 
to be an option of effective enhancement of traversing ability for pneumatically powered robots. 

KEY WORDS  

Pneumatic cylinder, Rescue inspector 

INTRODUCTION 

In order to enhance the efficiency of searching 
survivors inside collapsed buildings after an earthquake, 
several types of rescue robots have being researched 
among these days. The demanding functions of a rescue 
robot are mainly three: ability of locomotion through 
rough terrains by remote control, sensing functions, and 
human-machine interface. Using existing technologies 
of sensing and transmitting systems, and having a useful 
rescue capacity, the enhancement of the obstacle 
traversing ability and the accessibility to the site of the 
robot is an important factor. 

As for these rescue robots, it is possible to classify 
them into two major groups. One group is composed of 
robots which move their center of gravity continuously, 
and the other is composed of those which move their 

center of gravity in scattered pattern. The first group is 
represented mainly by legged robots, wheeled robots, 
snake type robots, and the hybrid robots composed of 
these types. Since their center of gravity moves 
continuously, it is simpler to increase the weight of the 
robot without losing much of the efficiency of 
traversing obstacles, and therefore, it is possible to 
mount several types of sensors. The second group is 
composed of robots that kick the ground performing a 
jump, or robots that deploys part of it or another robot 
over obstacles. These have not been applied to rescue in 
large scale as the first group is, but this group holds the 
possibility of showing high performance and agility 
which cannot be obtained by continuous locomotion of 
the center of gravity. 

Therefore, this research concentrates on a pneumatic 
cylinder as the main actuator to realize the locomotion 
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method based on moving the center of gravity in a 
scattered pattern. Then, at the same time that it shows 
limitation of traversing ability when composing with an 
ordinary cylinder, a new cylinder is proposed to 
overcome this limit. 

In this paper, after showing the target locomotion 
methods, the limitation of the pneumatic cylinder is 
presented. Then, the Magnetic Brake Cylinder (MB 
Cylinder hereafter) is introduced. Its control method is 
also proposed. Finally, the application of the MB 
Cylinder to the target locomotion methods is showed. 

Figure 2 Basic structure of Jump and Roll Inspector 

TARGET LOCOMOTION METHODS 

When inspecting inside buildings after disasters, the 
key issue is the locomotion function of the robot, since 
it must have ability to traverse obstacles such as 
furniture and debris. The authors have proposed 
locomotion methods based on the realization of the 
traverse action in short interval of time, the possibility 
of traversing obstacles regardless the shape, and 
enhancement of traversing height regardless the body 
size being small. 
Roll and Jump Mobile Inspector 

One simple locomotion method proposed by the 
authors is the Roll and Jump Mobile Inspector.[1] It 
consists of throwing the inspector inside the building, 
and this inspector uses wheels to efficiently roll on 
surfaces, it can jump over obstacles larger than its body, 
and it can also recover its posture from any landing 
position (Figure 1). 

Figure 3 Performance of Leg-in-Rotor-V 

However, if the ground conditions are too rough, or if 
it is soft as a mattress, the robot may not perform the 
jump as expected. For such situation, the following 
locomotion method is proposed. 

Throw & Collect Type Rescue Inspector 

This method consists of the following sequence 
(Figure 4): after inserting the parent robot (or a pole 
with the mechanisms) into the site, this throws out a 
child machine, equipped with camera, and the 
inspection is performed while this child machine is been 
drawn back.[2] Using this method, the ground 
conditions do not affect the throw, which can be done 
many times into different directions, covering a wide 
search area. 

Figure 1 Concept of Roll and Jump Inspector 

The rolling motion is driven by an electric motor, 
while the jump is driven by a pneumatic cylinder 
(Figure 2), and with this coupled drive the robot is able 
to traverse obstacles higher than three times its body 
size. In order to achieve a jumping height of 1m, due to 
limits of maximum air pressure and flow rate of air, the 
pneumatic cylinder is analyzed, providing an 
optimization method of its size. 

The developed Roll and Jump Mobile Inspector, 
named Leg-in-Rotor-V, has 300mm of diameter and 
500mm of length, and weights less than 2kg. it is 
equipped with a wireless microcamera and it is 
controlled remotely. Figure 3 shows the inspector 
traversing an obstacle of 1m height. 

Figure 4 Concept of Throw & Collect Inspector 

The basic structure of the Throw & Collect Type 
Rescue Inspector is shown in Figure 5. The parent robot 
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(or pole) is equipped with a throwing device and a 
drawing device. In this case, a pneumatic cylinder is 
used for the throwing device. 

Figure 5 Structure of a Throw & Collect Inspector 

Figure 6 shows the drawing device, which consists of 
a pinch-roller mechanism (Figure 7). The wire which 
connects the child machine is pinched and pushed by 
the rollers into a taper case, and this wire is 
automatically stored in a spiral motion into the case. 
When performing a throw, the pinch-roller mechanism 
is opened, and the wire becomes free to be pulled out of 
the case. 

Figure 6 Drawing device 

Figure 7 Pinch-roller mechanism 

The key issue here is the weight of the child machine 
and the driving power of the cylinder used to throw the 
child machine. Since the child machine must be light, 
the piston of the cylinder starts to move with low 
pressure, and the flow rate cannot catch up with the 
internal volume expansion of the cylinder. Therefore, 
internal pressure fall occurs, and the driving power 
becomes low. As solution for this problem, a novel 
actuator is introduced to enhance the driving power of a 
pneumatic cylinder. 

PROPOSAL OF MAGNETIC BRAKE CYLINDER 

In order to avoid the problem of internal fall of the 
pneumatic cylinder and to enhance its driving power, it 
is necessary to increase the flow rate of air (Figure 8a, 
Figure 8b). The use of bigger valves, meaning using a 

larger effective cross-sectional area of the connection to 
the pneumatic cylinder, is the simplest idea, but the 
system becomes heavy and bulky. 

To increase the flow rate of air, it is possible to use a 
tank connected directly to the pneumatic cylinder, and 
this connection can have larger effective cross-sectional 
area since the distance between the tank and the 
cylinder is small. In order to realize this method, the 
piston must be held in its initial position by a triggering 
device to avoid letting it move with low pressure 
(Figure 8c). 

Therefore, combining the pneumatic cylinder with a 
tank connected directly to it, and with a triggering 
device, the problem of internal pressure fall can be 
suppressed to a minimum. As for the triggering device, 
a permanent magnet is used (Figure 8d). This way the 
trigger is passive, without the necessity of using an 
actuator to hold and release the piston, and it is called 
magnetic brake cylinder (MB Cylinder). The permanent 
magnet holds down the piston until the applied force to 
the piston by the air pressure becomes higher, and when 
released, it starts moving with high pressure. 

a) b) 

c) d) 

Figure 8 Possible solutions: a) bigger valve, b) poppet 
valve, c) triggering mechanism, d) magnetic brake 

cylinder 

Figure 9 shows the half-cut model of the MB Cylinder. 
This MB Cylinder is the developed actuator for the 
Throw & Collect Inspector, and it also has an additional 
feature to enable controlling its driving power. 
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Therefore, it is possible to control the driving power 
by timing the control valve to open in instances delayed 
from the main valve (Figure 11). Figure 12 shows how 
the internal pressure changes with different opening 
times, obtaining different driving powers of the MB 
Cylinder. 

Figure 9 Half-cut model of the MB Cylinder 

CONTROL OF THE DRIVING POWER 

The driving power of the MB Cylinder can be 
controlled by two parameters: by altering the attractive 
force of the permanent magnet; or by altering the force 
applied to the piston. The first option can be realized by 
changing the contact area between the piston and the 
magnet by driving the magnet, or simply use an 
electromagnet to change the attractive force. However, 
it would be necessary big actuators, either to drive the 
position of the magnet or to use large coil to have 
significant changes to the attractive force, becoming 
unrealistic. 

Figure 11 Time triggering of valves to control driving 
power 

For the second option, there are two possibilities: 
changing the applied pressure, and change the area of 
the piston that receives the pressure. In order to change 
the applied pressure, it is necessary to use a fast 
pressure regulating valve, since the control must be 
performed after the piston detaches from the magnet, 
and conventional valves do not present the necessary 
responses for its realization. Therefore, changing the 
pressurized area of the piston is considered to control 
the driving power of the MB Cylinder. [3] 

To realize this method, the inlet of the cylinder is built 
in such a way to create two separated chambers when 
the piston is in its initial position, and each chamber is 
pressurized by a different valve (Figure 10). The main 
chamber is pressurized by a main valve (valve 1), and 
only area A of the piston receives pressure. The control 
valve (valve 2) is used to pressurize area B of the piston. 
Since area A is very small, it is necessary elevated 
pressure to detach the piston from the magnet, while 
using both areas A and B, the necessary pressure 
becomes lower. 

Figure 12 Internal pressure of cylinder with control 
method 

DESIGN METHOD THROUGH NUMERICAL 

ANALYSIS 

In reference [4], the basic equations are presented and 
the necessary equations to simulate the MB Cylinder 
regarding unknown variables are derived. Table 1 shows 
the parameters of the developed MB Cylinder, and in 
Figure 13, the simulated variables are presented with 
normalized values. 

The simulation was validated by comparing simulated 
and experimental results. Figure 14 shows the results of 
simulation and experiment of throwing height of child 
machines with different masses. As observed, simulated 
results fit to experimental ones, and therefore, the 
simulation is validated. 

Figure 10 Inlet of cylinder divided into two chambers 
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Table 1 System parameters 

Cylinder 

A=678.87*10-6 [m2] (area of piston) 
L=163*10-3 [m] (length of cylinder) 
c=60*(A* )1/2 [Ns/m] (coulomb 
friction coefficient) 
k1=220*(A* )1/2 [N] (viscous friction 
coefficient) 
kC=100 [W/K] (product of thermal 
conductivity and surface area of cylinder 
tube) 
mr=0.198 [kg] (mass of rod) 
mc=0.360 [kg] (mass of child machine) 

Experiment 
Conditions 

g=9.81 [m/s2]
PS=0.46*106 [Pa abs] 
P0=0.1*106 [Pa abs] 
T0=293 [K] 

Air
Parameters 

R=287 [J/kg K] 
cV=716 [J/kg K] 

=1.402
=1.293 [kg/m3]

Figure 15 Increase of tank volume and throwing height 

Next, the size of the connection is decided with 
similar process (Figure 16). The throwing height is 
observed when the effective cross-sectional area of the 
connection between the tank and the cylinder is 
increased. Setting 90% of the ideal throwing height, the 
optimum effective cross-sectional area is defined, and 
the connection between the tank and the cylinder is built 
in order to achieve this cross-sectional area. 

Figure 13 Simulation of MB Cylinder 

Figure 14 Throwing height of child machines with 
different masses 

Optimization Process 

The optimization of the size of the structure of the MB 
Cylinder is performed regarding the size of the tank and 
the size of the effective cross-sectional area of the 
connection between the tank and the cylinder. 

First, the size of the tank is analyzed. Using the 
numerical simulation, the throwing height is observed 
when the volume of the tank is increased. The optimum 
tank volume is between 3 to 4 times the volume of the 
cylinder (Figure 15), and this result is equivalent to any 
cylinder volume. In this graph, the chosen tank volume 
is showed, which the volume is closest to the optimum 
volume, when using commercialized coffee can as the 
tank for the MB Cylinder. 

Figure 16 Increase of inlet and throwing height 

With this process, the optimum size of the MB 
Cylinder is obtained. 

APPLICATION TO TARGET LOCOMOTION 

METHODS

Throw & Collect Type Rescue Inspector 

With the MB Cylinder, a child machine of 0.35kg is 
able to be thrown from a mobile inspector, which has 
the same structure as the Roll and Jump Mobile 
Inspector. Figure 17 shows the parent robot throwing 
the child machine over a wall of 2m high, inspecting the 
area beyond it. 

Figure 17 Throw & Collect Mobile Inspector 

The developed MB Cylinder is also mounted onto a 
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The new prototype is smaller and heavier than the past 
models, being able to carry more types of sensors. It is 
also protected with cushion material (soft polyurethane 
sponge), resisting to aggressive landing. If an ordinary 
cylinder of same size is mounted, the robot is only able 
to jump 90mm, but changing the actuator to a MB 
Cylinder, the robot can jump over 1m high (Figure 22). 

pole type Throw & Collect rescue inspector. Figure 18 
shows the inspector performing a search inside a train 
wagon. 

Figure 18 Inspection inside a train wagon 
1 2

With the controlling method, it is also possible to 
access difficult places as in Figure 19. The experiment 
of controlling the throwing distance is showed in Figure 
20, performed after using a laser range finder to 
measure distance and angle of the throw. 

Figure 22 New prototype of the Roll and Jump Mobile 
Inspector 

SUMMARY 

A novel pneumatic actuator, the MB Cylinder, is 
proposed, showing to be an effective enhancement 
option of obstacle traversing ability. Its control method 
and structure is also presented. Optimization through 
numerical simulation is also performed. 

The MB Cylinder is mounted into a Throw & Collect 
rescue inspector, and the control of the throwing height 
proved to be useful for accessing difficult disaster areas. 

Figure 19 Enhancement of accessibility with the control 
method 

The new prototype of Roll and Jump mobile inspector 
can perform a 1m high jump being heavier than past 
models. 

Finally, the MB Cylinder is used to throw a child 
machine into a window located at the third floor of a 
building, as proposed in the concept (Figure 21). 
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Figure 21 Throw of a child machine to inspect the third 
floor 

Roll and Jump Mobile Rescue Inspector 

The previous prototype used an ordinary pneumatic 
cylinder, and it was able to carry only a microcamera in 
order to keep the structure as light as possible. 
Weighting less than 2kg, it performed jumps of 1m high. 
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ABSTRACT 

We have developed an artificial finger which have human tactile sensibility function, such as be desired for some kind 
of robots. This finger can recognizes some materials pressing and tracing object with the arm actuated by the pneumatic 
cylinder. There are many factors in recognizing what touched material was. The recognition of materials is run by the 
neural network system which can be usefully to obscure and complicated control. The sensor in the finger has been used 
a piezo-electric element and a strain gauge with a thermo-couple respectively before. However only one of these 
sensors can be installed for one finger and the two or more fingers must be used to recognize one object. Then, the 
complete recognition is difficult for the reduction of measurement accuracy caused by individual try of many finger and 
the problem of the setting of output data in the neural network system. Therefore, the purpose in this report is to unify 
two or more sensors into one finger, and to fulfill the human tactile sensibility function more similar to human than 
previous subject. In this report, the improvement of the sensor and the device of the neural network are shown. 

KEY WORDS  

Artificial finger, Material recognition, Neural network system, Action potential 

INTRODUCTION 

The sense of touch information is necessary when we 
perform delicate operations such as grasp of objects. 
The interest rises to welfare and nursing in aging society 
in recent years, and it is welcome that robots work in 
such field. In this case, the robot fingers are required to 
have advanced function equal as human’s one. 
In this report, the artificial finger touches some 
materials actuated by pneumatic cylinder, and classifies 
the information from some sensors into 3 categories. 

The first is “hardness” related hardness of surface. The 
second is “state on surface” related bump of surface. 
The third is “temperature” related thermal change of 
surface when the finger touched. 
These 3 parameters are used for neural network system. 

DEVICE OF EXPERIMENT 

The recognition system is shown by Figure 1. The main 
body is measurement part and is the artificial finger 
which is moved to axis of x and z using 2 pneumatic 
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cylinders. The finger implants 4 strain gauges and a 
thermo-couple inside the imitating skin. The strain 
gauge is used for measurement of “hardness” and “state 
on surface” and the thermo-couple is used for 
measurement of “temperature”. “State on surface” can’t 
be obtained directly and then the differentiated value of 
the signal is used. 
The values measured with the sensors are transmitted to 
the personal computer through the data logger. The 
datas are converted into the binary data imitating the 
impulse that simulates the excitement of human nerve. 
The system recognizes materials through the neural 
network at the end. 
The measureing process is shown below. 

1. The target material is fixed to the position on 3mm 
from an artificial finger and then finger comes in 
contact with the target. 

2. The pneumatic cylinder pushes the finger during 5 
seconds and then feeds the finger sliding along the 
target. 

Figure 1 System of material recognition 

RESULT OF EXPERIMENT 

Figure 2 shows the system operations of learning the 
neural network based on measurement data. The cyclic 
calculation is shown on horizontal axis and the learning 
error is shown on vertical axis. The learning error means 
the average of square harmony of difference between 
true value and measurement value (LMS). This grants to 
know a degree of the learning. 
In general, the LMS becomes 0.01 or less and then the 
system terminates to learn. In figure 2, as the typical 
case, the LMS becomes 0.002651 in the cyclic 
calculation of 5000th times. Moreover, the neural 
network operates stably for unlearned data. As a result, 

the recognition rate, which shows the rate of recognized 
materials correctly, became 33.3%, and the 
generalization error improved from 0.12 to 0.05 
comparing former same condition. The reason of the 
improvement is mainly a change of teaching data for 
learning in neural network. The used data had been 
calculated by SD method since last year, but the 
proposed neural network uses the elements that respond 
particular inputs as the parameter, and are named each 
material name.  
However, the correct recognition rate is not high as 
33.3%, the neural network sometimes causes not 
correctly recognition. This reason is that the 
measurement is not even for a different condition and a 
performance of the artificial finger is not sufficient. The 
improvement of hardware is needed for the more 
accurate recognition.  

Figure 2 The learning error of neural network 

CONCLUSION 

We show that the proposed artificial finger is able to 
recognize some materials by using 3 parameters; 
“hardness”, “state on surface”, and “temperature”. 
Moreover, this system deals the compressed binary data 
imitating the impulse of human nerve. This advantage is 
that the handling data of each sensor becomes lighter 
and the calculation becomes faster than ever. By this 
fact, it is expected that the artificial finger can have a lot 
of sensors. In addition, it shows to be able to substitute a 
low-cost microcomputer and FPGA in place of a 
high-cost personal computer.  
The problem is uncertainty on measurement. It is need 
to improve a structure of the artificial finger, for 
example changing stuff and process of production.  
The artificial finger will have a function similar to 
human to solve any problems. And the advanced robot 
hand will flourish in a care case in the future.  

Neural
network

Main bodyData logger

Recognition

540Copyright © 2008 by JFPS, ISBN 4-931070-07-X



DEVELOPMENT OF WALKING ASSIST SYSTEM  
WITH PNEUMATIC ACTUATOR  

Tomohiko ARIMA*, Osamu OYAMA*, Toshihiro YOSHIMITSU** 
*Mechanical Engineering Major, Science and Engineering Research Course, 

Graduate School of Meiji University 
**Welfare system Engineering, Kanagawa institute of Technology 

*Tamaku higashimita 1-1-1, Kawasaki city, Kanagawa, Japan 
**Shimoogino1030, Atsugi city, Kanagawa, Japan 

*(Tel : +81-44-934-7907; E-mail: ce82003@isc.meiji.ac.jp ) 
**(Tel : +81-46-291-3163; E-mail:yosimitu@we.kanagawa-it.ac.jp) 

ABSTRACT 

The purpose of our study is to develop "Walking Assisting System" that assists the aged and alternative people to walk 
by themselves, and that can be used as a welfare system to take care of them. Since this system moves by compressed 
air, no harmful substances are used, and it can apply power as flexibly as human muscles do. Additionally, even in any 
unexpected situations, the shock and burden to the person using the system are kept to the minimum. 
This system not only supports walking on level ground but also assists the movement of the knee joint in walking up 
and down the stairs, by sensing and acknowledging the walking place of the user and sending compressed air into the 
pneumatic cylinder at the appropriate timing. In this study, we have installed the acceleration sensors instead of 
previous inclination sensors, and collected walking data from a wide variety of people with different body sizes and 
walking speed. Then, we have pursued a control system which can distinguish and assist steady walking in any 
condition, by generalizing the unique personal factors of various people and determining the discrimination conditions 
for each of them. 

KEY WORDS 

Walking Assist System, Air Cylinder, Welfare Care 

INTRODUCTION

Today, the aging society is gaining importance 
in Japan, and one of its reasons, the falling 
birthrate is also a serious issue. If no changes 
are made to the current assisting system, the 
aged or alternative people will not be able to 
receive sufficient care, therefore being 
prevented from taking part in society. Thus, in 
this study, we have made research and 
development of a walking assisting equipment 
for those having difficulty in walking by 
themselves including the aged or alternative 
people, and have developed a new type of 
equipment as well. 

THE SYSTEM 

An outline of walking assist system is shown in Figure 
1.This walking assisting system measures the floor 
reaction force by a pressure-sensitive sensor attached on 
the sole part, and then amplifies the signal through a 
sensor amplifier. At the same time, the walking 
condition of the experiment subject is figured out by 
measuring the femoral angle with angle sensors and 
importing the A/D converted data into a H8 
micro-computer.  
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Figure 1 Walking assist system 

Then the assist commands are output to the solenoid 
valve as digital signals. Then the solenoid valve opens, 
and supplies compressed air. The cylinders are actuated 
by this compressed air, and start to assist walking. This 
system had a problem to be improved, that is, the 
equipment could not be surely fastened to the human leg. 
This caused inability of grasping the correct walking 
condition because the measurement accuracies of the 
sensors are decreased by the equipment’s slipping-off 
phenomenon. Moreover, it became a burden rather than 
help for the user because it could directly touch the heel 
or ankle, causing discomfort. We improved this problem 
by combining the femoral, calf and ankle part all 
together with shoes, and have succeeded in lessening 
the user’s discomfort and heightening the judgment 
accuracy of walking condition with this specialized 
equipment made for the system.  
Furthermore, the problem of the inclination sensor still 
remains. The sensor has liquid as a working medium in 
it, and the detecting error is seen sometimes caused by 
liquid waving. So we change the angle sensors into 
acceleration sensors. The merit to use of acceleration 
sensor is not only the minimizing size and weight, but 
also becoming the signal clearly in the change of 
walking conditions, shown as Figure 2 and Figure 3. As 
a result, the recognizing of walking condition becomes 
more correctly, as shown Figure 4. 

CONCLUSION 

Although we have succeeded in making the current 
system more useful by this improvement, we still have 
restrictive conditions such as reduction of the equipment 
weight and the inability of acknowledging over all 
specific walking habits of each individual. We seek to 
develop a more generalized system by verifying use of 
acceleration sensors more usefully, and evaluating the 
user’s load using muscle electric potential. 
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BASIC CHARACTERISTICS OF A LIQUID CRYSTAL PUMP 

Tetsuhiro TSUKIJI* and Hiroki SATO* 
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ABSTRACT 

A flow visualization of a liquid crystal was conducted under the application of an electric field in a mini cylinder with 
electrode strips on the inner surface. Three-phase alternating currents were used as rotation electric fields to generate the 
rotational flow of the liquid crystal. A pump with a spiral flow channel was designed based on the rotational flow 
mechanism of the liquid crystal by using the three-phase alternating currents. The pressure-flow rate characteristics of 
the pump were measured and the characteristics for the length and the shape of the flow channel in the pump were 
investigated for various amplitudes of electric fields. The pressure increased when we used a liquid crystal with a high 
dielectric constant and a high kinematic viscosity for the constant voltage. Dimensional analysis was conducted to 
arrange the characteristics of the present pump simply and the non-dimensional flow rate and pressure were almost on 
one line. The size of our pump can be decreased by further research. This study contributes to the development of a 
micro-pump in micro-fabricated systems and our pump eliminates mechanical vibration and noise. 

KEY WORDS  

Functional Fluid, Pump, Flow Visualization, Pressure, Flow Rate 

NOMENCLATURE 

D : total length of flow channel, 0.04945m
E : electric field intensity, (=V volt/(0.9×10-3)m)
g : acceleration due to gravity, 9.81m/s2

H : total head, m
p : pressure, Pa
pm : maximum pressure, Pa
Q : flow rate, mm3/min
w : channel width, mm

: angle between the electric rotation direction and the 
flow direction in a spiral direction 

para : dielectric constant of the parallel direction to 
longitudinal direction of the liquid crystal molecule, 
F/m 

per : dielectric constant of the vertical direction to 

longitudinal direction of the liquid crystal molecule, 
F/m 

1 : dielectric constant of insulating part (polyimide 
film) in the cylinder electrode, Relative permittivity of 
3.57 was used ( 1=3.16×10-11 F/m), F/m 

: viscosity, Pa s
: density, kg/m3

INTRODUCTION 

Research has actively been undertaken to provide a 
better understanding of pump dynamics. Diaphragm- 
and micro-syringe pumps are typical examples of a 
mechanical micro-pump [1,2] and the other mechanical 
micro-pumps are developed recently[3,4].The advantage 
of these pumps over conventional ones is that they can 
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be used to pump any liquid or gas. However, they are 
difficult to micro-fabricate and assemble because they 
contain many parts, so research is currently being 
conducted to develop low-noise pumps that use 
functional fluids and have simplified designs with no 
sliding parts. Such a micro-pump would have various 
applications. For example, it could be used in power 
sources of equipment that supply liquid, cooling 
systems, micro machines, and supplying fuel to the 
ultra-micro gas turbine. For this wide range of 
applications, various micro-pumps are needed to enable 
its use in any environment and under any conditions. 
Therefore, various micro-pumps are being designed and 
are actively being studied. The system with fluid control 
type would be used widely in micro fields because of 
the decreased number of parts and the sliding part using 
the fluid drive by the characteristic of the functional 
fluid. The properties of functional fluids can be 
controlled by electric or magnetic fields. Typical fluid 
pumps use some flow mechanisms, including ion drag 
[5], electro hydro dynamics (EHD) [6,7], 
electro-conjugate fluid (ECF) jets[8,9] and 
electroosmotic flow[10].  
In this study, we developed a pump based on the flow of 
liquid crystals [11] in typical functional fluids by 
applying an electric field. Rotation electric fields were 
applied to the electrodes in the pump to add voltage to 
the fluid, and the flow was induced by the 
dielectrophoresis[12-16] of liquid crystals. We designed 
the pump based on the mechanism [17] and 
subsequently measured the pressure and the flow rate. 
Especially the effect of the length of the flow channel 
and the angle between the pump axis and the flow 
channel direction on the flow rate and the pressure is 
reported in this paper. Our pump can be also used to 
transport liquid crystal or to fill a gap of panels for a 
display with a liquid crystal. 

PROPERTIES OF LIQUID CRYSTALS AND 

FLOW VISUALIZATION  

The characteristics of the liquid crystals used in our 
study are listed in Table 1. The MLC6650, K15, and 
MJ0669 were provided by Merck Ltd., Japan. K15 is a 
nematic liquid crystal. MLC6650 and MJ0669 are liquid 
crystal mixtures mixed with some nematic liquid 

crystals. The value of the kinematic viscosity, the 
dielectric constant and the density is large in the order 
of MLC6650, K15, and MJ0669. 
As the first stage of our experiment, a flow visualization 
of the liquid crystal was conducted under the application 
of the electric field in the cylinder electrode. The 
purpose of this visualization is to confirm the generation 
of the rotational flow and the flow direction of the liquid 
crystal. The cylinder electrode with 9 electrodes was 
used. The inner diameter of the electrode for flow 
visualization is about 6mm.   
The cylinder electrode for flow visualization is shown in 
Fig.1. Three-phase alternating current is applied to the 
cylinder electrode in order to apply the voltage on the 
liquid crystal. Three-phase alternating current is shown 

in Fig.2. The voltage curves ,  and  ( ,
and  or ,  and ) come in that order. The 
voltage is applied in the clockwise direction in Fig.1. 
Therefore, the electric fields appear to rotate on the 
cylinder electrode.  
The experimental apparatus for flow visualization is 
shown in Fig.3. In this experiment, the frequency of a 
voltage wave of three-phase alternating current is 50Hz 
and the voltage means the effect value. A 50-Hz, 200-V 
three-phase alternating current is input to a voltage 
transformer. An output voltage between 0 and 240 V is 
generated using this voltage transformer. Next, the 
amplitude of the output voltage is amplified about 15 

Table 1 Psysical properties of liquid crystals 
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times using the transformer, and the resulting voltage is 

applied to the electrodes. The flow of the liquid crystal 
in the cylinder is observed in the axial direction using a 
commercially digital video camera. The surface of the 
liquid crystal is almost flat. 
A picture of a liquid crystal flow in cylinder electrode 

is shown in Fig.4. The voltage is 1000V. A liquid crystal 
rotated same rotation direction of the electric fields. The 

flow of the liquid crystal is observed by measuring 
trajectories of bubbles which is indicated by an arrow in 
the cylinder electrode. The rotational flow and the flow 
direction of the fluid were confirmed in the present 
experiment. 

EXPERIMENTS FOR PUMP 

The electrodes around the flow channel used in the 
experiment are shown on the left side in Fig. 5. 
Rotational flow is obtained by applying a three-phase 
alternating current to the electrodes as described in the 
previous chapter. The electric fields appear to rotate on 
the cylinder electrode. The frequency of the voltage 
wave of the three-phase alternating current is 50 Hz. 
The pump consists of a spiral flow channel wrapped 
inside nine electrodes. The width of the electrodes is 1.2 
mm, and the inter electrode distance is 0.9 mm. The 
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flow channel length in the axial direction is 15 mm, 
the diameter of the flow channel is 6mm, the channel 
widths are 1 and 3 mm, and the channel depth is 1 
mm.  is the angle between the electric rotation 
direction and the flow direction. The rotational flow 
of the liquid crystal is obtained by applying the 
three-phase alternating current to the electrodes. 
Therefore, the liquid crystal in the cylinder electrode 
flows along the flow channel. As a result, the liquid 
crystal flows in the axial direction of the pump. We 
designed the pump based on these mechanisms for 
our study. 

The experimental apparatus is shown in Fig.6. The 

electric circuit is the same as the case of the flow 
visualization test shown in Fig.3. As a maximum total 
head is 20mm in this experiment, a maximum pressure 
is about 200Pa. The voltages between 0 and 1000 V 
were applied to measure in the above pressure range. A 
maximum total head is 40mm only for series pump. The 
flow rate was measured when the total head, H, was 
changed. To measure the flow rate, we first took a video 

of the movement of the free surface of the liquid crystal 
in a pipe whose inner diameter is 4 mm. The video was 
taken from the direction vertical to the plate. We then 
enlarged the images in the video to see the flow clearly. 
The maximum pressure, pm, is defined without the flow. 
The maximum pressure is calculated by pm = gH, where
 is the density, g is the acceleration due to gravity (9.81 

m/s2), and H is the total head. 

RESULTS FOR CHARACTERISTICS OF PUMP 

The relation between the voltage and the maximum 
pressure for 3 turn numbers of the spiral flow channel 
around the axis of the pump and the 3-mm channel 
width for three liquid crystals is shown in Fig. 7. It is 
found that the maximum pressure increased when we 
used a liquid crystal with a high dielectric constant. 
The result for two pumps connected in series is shown 

in Fig. 8. One pump has a 3-mm-wide channel and a 
three-turn spiral flow channel. Liquid crystal mixture 
MLC6650 was used because it has highest dielectric 
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constant in this experiment. The maximum pressure 
increased with the voltage and the maximum pressure 
for the two pumps connected in series is almost twice 
that of a single pump. 
The relation between the flow rate and the pressure for 
the number of turns (1 and 3) of the spiral flow channel 
around the axis of the pump is shown in Fig. 9. The 
pressure increased with the voltage. Moreover, the 
pressure increased with the turn number of the spiral 
flow channel. The flow rate for w=3mm is larger than 
for w=1mm because the area of the flow channel is large 
compared with w=1mm. 
In Fig.9, both the angle  between the electric rotation 
direction and the flow direction and the flow channel 
length D are changed by changing the turn number. So it 
is not clear that the difference of the results comes from 

 or D .  
The measurement is conducted by keeping the length D
constant and changing the angle  to investigate the 
effect of . From Fig.10, the flow rate increase with 

decrease of the angle . Therefore, as the direction of 
the flow approaches the direction of the electric field, 
the flow rate increases. 
The relation between the flow rate, Q, and the pressure, 
p, is shown in Fig. 11 for liquid crystal mixture 
MLC6650. The pressure is calculated by p = gH. The 
flow rate increased with the voltage when the pressure 
was the same. Furthermore, the flow rate was a 
maximum when the pressure was 0, and the pressure 
dropped off nearly linearly with the flow rate.  
The relation between the flow rate and the pressure of 
each liquid crystal is shown in Fig. 12. The flow rate 
increased with the voltage for each liquid crystal when 
the pressure was the same. The flow rate increases with 
the kinematic viscosity and the dielectric constant 
except zero pressure for same pressure and voltage. As 
the flow resistance is high with the kinematic viscosity, 
the flow rate can be increased using a liquid crystal with 
high dielectric constant.  
The results of the non-dimensional analysis of the pump 
properties for all liquid crystals are shown in Fig. 13. 
The pump has a 3-mm-wide channel and 3 turn spiral 
flow channel. 
All relations between 3 2

1( )perQ D E  and  
2

1( )perp E derived by the  theorem almost  

become the same line. The above symbols should be 
refereed to nomenclature. The pressure-flow rate 
characteristics of the pump can be guessed from this 
result when the liquid crystals with different properties 
are used in the present pump. ( per 1) means the 
difference between the dielectric constant of the vertical 
direction to longitudinal direction of the liquid crystal 
molecule and the dielectric constant of insulating part. 
The difference was used for the present 
non-dimensional analysis because the difference is 
found to be very important factor, which acts on the 
characteristics of the liquid crystal under application of 
the voltage [18]. 
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CONCLUTIONS 

In the present study, rotation electric fields were 
applied to the cylinder electrodes to add the voltage on 
the liquid crystals, and flow was induced by the 
property of the liquid crystal. A pump with a spiral flow 
channel using the above mechanism was designed, and 
the pressure-flow rate characteristics of the pump were 
measured. We made the following findings. 

1. The maximum pressure increased when we used a 
liquid crystal with a high dielectric constant and a high 
kinematic viscosity for the constant voltage.  
2. The pressure of two pumps connected in series was 
almost twice that of a single pump. 
3. As the flow direction approaches the direction of the 
rotational electric field, the flow rate increases. 
4. For the dimensionless parameters calculated using the 

 theorem, all relations between 
3 2

1( )perQ D E   and 2
1( )perp E

almost become the same line. 
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ABSTRACT 

The paper proposes and develops a novel smart ER microactuator with inherent position feedback mechanism. The 
microactuator consists of a pair of movable and fixed parallel plate electrodes with variable gap length and an upstream 
restrictor, and ERF (electro-rheological fluid) is supplied as a working fluid. By applying voltage to the electrodes, with 
the increased pressure drop due to ERF viscosity increase, the electrode gap length i.e. the output displacement 
increases. Also the microactuator can suppress the displacement due to external force by the inherent position feedback 
mechanism. The mechanism utilizes increase of the flow resistance between the electrodes for decrease of the electrode 
gap length. In this paper, the structure and working principle are revealed and the mathematical model is derived. Then, 
a microactuator is fabricated and the characteristics are experimentally clarified. Furthermore, a mechanism to magnify 
the output displacement is proposed and the validity is confirmed through experiments. 

KEY WORDS  

Microactuator, ERF (electro-rheological fluid), Functional fluids, Position feedback, ER valve 

INTRODUCTION 

A smart actuator having built-in position sensor has 
been required to realize a position control system in 
compact size without additional sensors [1]. 
A fluid microactuator connected with an ER microvalve 
[2]-[4] is one of ER microactuators. By applying 
electric field to the ERF (electro-rheological fluid) in 
the ER microvalve, the pressure of the fluid actuator is 
controlled. Such an ER microactuator features simple 
and miniaturizable structure. Furthermore, utilizing the 
functionality of the ERF, a simple and compact smart 
actuator will be realized as a microactuator. 
In this paper, a novel smart ER microactuator is 
proposed and developed, which can not only control the 
output displacement / force by the applied voltage but 
also suppress the displacement due to external force 
using the inherent position feedback mechanism. First, 
the structure and working principle are revealed and the 

mathematical model is derived. Second, a microactuator 
is fabricated and the characteristics are experimentally 
investigated. Furthermore, a mechanism to magnify the 
output displacement is proposed and tested. 

PROPOSITION OF FB TYPE 
ER MICRACTUATOR 

Proposed FB Type ER Microactuator 
The proposed microactuator consists of a pair of 
movable and fixed parallel plate electrodes with 
variable gap length and an upstream restrictor as shown 
in Figure 1. The electrodes are disks and the ERF flows 
from the outside inlet port to the central outlet port on 
the fixed electrode. The movable electrode is supported 
by an elastic element such as a bellows. The ERF is 
supplied at pressure Ps as the working fluid. 
When the applied voltage v increases / decreases, the 
control pressure pc increases / decreases due to viscosity 
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change of the ERF and the output displacement x
increases / decreases. Also, with constant applied 
voltage v, when external force to increase / decrease the 
gap length is applied, due to decrease / increase of the 
electric field strength and flow resistance between the 
electrodes, the control pressure pc and hence the output 
force f decreases / increases. As a result, the 
displacement due to external force is suppressed with 
the inherent position feedback mechanism. 
Mathematical Model 
For theoretical investigations, the mathematical model of 
the microactuator was derived assuming flow between 
the electrodes to be isotropic flow. Let D1=1.0 mm, 
D2=8.8 mm, the base viscosity without electric field μ0=24
mPa⋅s and the ER effect index [3] κER=5 of the ERF, 
Ps=200 kPa and qmax=0.1 cm3/s, the maximum output force 
fmax and xmax × fmax were calculated as shown in Figure 2. It 
is found that xmax × fmax becomes maximum at xmax=41 μm. 
With linearization at the driving point, the block 
diagram can be expressed as in Figure 3. The 

microactuator is proved to have a feedback loop and the 
actuator rigidity is derived as follows: 

,1AKK
x
fKa +=

Δ
Δ−=  (1) 

which means the microactuator has the actuator rigidity 
higher than K without additional feedback loop and the 
microactuator can suppress the displacement due to 
external force. 

FABRICATION AND CHARACTERIZATION OF 
FB TYPE ER MICRACTUATOR 

Fabricated FB Type ER Microactuator 
Based on the derived results, a microactuator was designed 
and fabricated. The fabricated electrode part is shown in 
Figure 4. The disk electrodes are divided by three parts 
with independent hydraulic circuits and slant of the 
movable electrode is suppressed. The movable electrode is 
supported by a silicone rubber sheet instead of a bellows. 
The homogeneous ERF used here is a nematic liquid 
crystal (MLC-6457-000, Merck Ltd., Japan) whose base 
viscosity μ0=24 mPa⋅s and ER effect index κER=5.4 [3]. 
Experiments 
The static characteristics were measured with supply 
pressure Ps=200 kPa. The output displacement x under no 
load was measured by a laser displacement sensor and the 
control pressure pc (average of three pressures) was 
measured by semiconductor type pressure transducers. 
Figure 5 shows the measured results. The origin of the 
output displacement x is corresponding to the output 
displacement without supply pressure and voltage. It is 
found that the output displacement x has nonlinearity, 
however there is few hystereses. The output 
displacement range is 52 μm. The output displacement x
at v=0 is not zero due to the initial stretched length error 
of the silicone rubber sheet. 
The output force f was measured through the deflection 
of a brass beam (50×10×1.4 mm3, spring constant 7.6 
kN/m) for the output displacement x to be the value 
without voltage. Figure 5 shows the measured results. 
The maximum output force fmax=1.5 N was obtained. 
Based on the control pressure pc and the mathematical 
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Figure 3 Block diagram of the FB type 
ER microactuator 
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model, the parameters were identified. The solid lines in 
Figure 5 show the results of output displacement x and the 
output force f. It is ascertained that the results agree well 
with the measured values. Differences between the 
identified and the measured parameters are due to different 
flow from the isotropic flow due to the three inlet ports. 
The actuator rigidity at the maximum output 
displacement was measured using the beam at the 
applied voltage v=800 V. As a result, Ka=16 kN/m was 
obtained. The value is 3.7 times higher than the value 
without feedback loop and the validity was confirmed. 
The value of the mathematical model is 18 kN/m that 
agrees well with the measured value. 
Figure 6 shows the measured step responses of the 
microactuator. The step down responses are higher than 
step up, which is due to the mechanism difference; for 
step up, the liquid crystal molecules make domains; for 
step down, the domains collapse by the flow [4]. The 
identified time constants of the first order lag responses 
are also shown in Figure 6. As for the effect of the 
applied voltage amplitude, there are few differences for 
step down and the step up responses decrease with 

higher voltage amplitude, which are the same as the 
previous ER microactuators [3]. The bandwidth of 4 Hz 
or more was confirmed. 

PROPOSITION OF DISPLASEMENT 
MAGNIFICATION UNIT 

Proposed Displacement Magnification Unit 
To extend application fields of the FB type ER 
microactuators, the output displacement range is 
required to enlarge. In this paper, a displacement 
magnification unit utilizing the control pressure pc is 
proposed as shown in Figure 7. 
The unit is a bellows that is attached on the movable 
electrode and is connected to the control pressure pc port 
in hydraulic circuit. The output displacement xa is the 
sum of the movable electrode displacement x and the 
bellows extension / contraction xm. When the applied 
voltage v increases / decreases, the control pressure pc
increases / decreases like the electrode part only. Hence, 
gap length of the electrodes and length of the bellows of 
the unit increase / decrease. The output displacement xa
can be controlled by the applied voltage v.
With the constant applied voltage v, when the external 
force is applied to increase / decrease the output 
displacement, flow resistance of the electrode unit 
decreases / increases due to the large / small gap length 
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and low / high electric field strength, so the control 
pressure pc and hence the output force fa decreases / 
increases. The microactuator can suppress the 
displacement due to external force. As can be seen in 
Figure 8, the derived block diagram of the 
microactuator has a feedback loop. 
The output displacement xa under no load, the output force 
fa without displacement and the actuator rigidity Kam at the 
maximum output displacement are calculated as follows: 

( )
( ) ( ){ } ( )

( ) ( )
( ) ( ){ }.

,
1

,1

11 KAAKKKAKKK
AAfAA
AAfKKKAA

f
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Experiments 
The FB type ER microactuator with displacement 
magnification unit was fabricated as shown in Figure 9. 
Dimensions of the electrode unit is the same as Figure 4. 
Instead of the bellows, a diaphragm using silicone 

rubber sheet was used. 
The static characteristics of the microactuator were 
measured using the same method as the electrode part. 
Figure 10 shows the measured results. The output 
displacement range of 203 μm and the maximum output 
force of 1.8 N were obtained. The measured actuator 
rigidity at the maximum output displacement was 6.3 kN/m. 
Figure 11 shows the measured step responses of the 
microactuator. Due to flow saturation, the responses 
were lower than values of the electrode unit. Based on 
the identified time constant of the first order lag 
responses, the bandwidth is 0.2 Hz. 

CONCLUSIONS 

In order to realize a smart microactuator, the FB type 
ER microactuator was proposed and the basic 
investigations were conducted. The main results are 
summarized as follows: 
1) The FB type ER microactuator was proposed and the 

mathematical model was derived. 
2) An FB type ER microactuator was fabricated and the 

validity was confirmed experimentally. 
3) A displacement magnification unit was proposed and 

the basic characteristics were experimentally clarified. 
A part of the research was supported by Grant-in-Aid 
for Exploratory Research No. 18656053 and 
Grant-in-Aid for Scientific Research in Priority Areas 
No. 16078205 of the Ministry of Education, Culture, 
Sports, Science and Technology of Japan. 
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ABSTRACT

We proposed an amorphous compound fluid (ACF) as a new intelligent or smart fluid. This fluid contains nm-size 
magnetite and 1 m-sized amorphous particles in a solvent. This report shows, first, experimental data regarding the 
viscosity of ACF in a cone-type rotating rheometer under a transverse magnetic field and its magnetization under a DC 
magnetic field. The experimental results are then compared with those for previous magnetic responsive fluids, 
magnetic compound fluid (MCF), magneto-rheological fluid (MRF), and magnetic fluid (MF). Those magnetic clusters 
as aggregated particles were investigated by optical observation. Finally, this report shows the experimental results of 
engineering applications on polishing that utilize the ACF, and compares the results with polishing that utilizes MCF. 

KEY WORDS  

Amorphous, Magnetic Compound Fluid (MCF), Magnetic Fluid, Magnetic Field, Magneto-rheological Fluid 

NOMENCLATURE 

Ra : mean surface roughness 
Ry : height of surface roughness between maximum and 

minimum heights 

INTRODUCTION

A few intelligent fluids are responsive to magnetic fields, 
for example, magnetic fluid (MF) and 
magneto-rheological fluid (MRF). Both fluids have 
advantages and disadvantages in engineering 
applications [1]. MF’s magnetization and apparent 
viscosity under a magnetic field is smaller than those of 

MRF. However, the stability of the particle distribution 
in an MF solvent is more consistent than that in an MRF 
solvent. In light of this and for the purpose of producing 
a new intelligent or smart fluid, one of authors of the 
present paper, Shimada, has proposed a magnetic 
compound fluid (MCF) comprised of nm-size magnetite 
and m-size iron particles in a solvent, which thereby 
compounds MF and MRF [2]. He has measured the 
relation of its shear stress to its shear rate using a 
rotating rheometer [2, 3] and has also measured its 
magnetic characteristics [4]. He has also proposed new 
engineering applications that utilize MCF, for example, 
in polishing [5, 6] or in a damper [7]. 
For the same purposes, we propose a magnetic 
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responsive fluid containing amorphous particles: 
amorphous compound fluid (ACF) is comprised of 1 m
order-sized amorphous particles and MF. In general, the 
material properties of the amorphous particles are 
different from those of the magnetite and iron particles 
regarding stiffness, large magnetization, etc. Therefore, 
if the amorphous particles are used in a solvent, the 
possibility of its having engineering applications 
different from the use of MCF alone can be expected. 
In the present paper, we first investigated the magnetic 
and rheological characteristics of ACF and compared 
them to those of MCF, MF, and MRF. Secondly, we 
investigated the potential engineering applications of 
ACF in polishing. 

ACF

We used Co-P amorphous particles (C166) of about 
1 m mean diameter that were fabricated and patented in 
Japan by Yuze [8], one of the present authors. We 
compounded the kerosene-based MF of HC50 with 
1.29g of 50 wt% of 10nm mean diameter Fe3O4
produced by Taiho Industry Co. Ltd. in Japan and 2g of 
amorphous particles (C166) composed of C166 at 60.8 
wt%, Fe3O4 at 18.0 wt% and kerosene at 21.2 wt%. (b) detail at small magnetic field intensity of (a) 

Figure 1 Magnetization of ACF and the others  
MAGNETIC CHARACTERISTICS 

Table 1 Composite and data of magnetization of ACF, 
MCF, MRF and MF We investigated the magnetization of ACF under a DC 

magnetic field using a VSM (VSM-5S-15, Toei Ind. Co. 
Ltd., Japan). The experimental results are shown in Mass concentration 

(wt%) of testing 
fluid 

Material Compound Residual 
magnetiza- 

tion 
[emu/g] 

HQ: 60.8, Fe3O4:
18.0, other 
kerosene

MCF MRF+MF

4.851
C166: 60.8, Fe3O4:
18.0, other 
kerosene

ACF amorphous 
particle 
+MF 13.05

C166: 30.4, HQ: 
30.4, Fe3O4: 18.0, 
other kerosene  

AMCF ACF+MCF 

7.003
Fe3O4: 18.0, other 
kerosene

MF
1.015

Fe3O4 (powder): 
60.8, Fe3O4 (from 
the particles of 
MF): 18.0, other 
kerosene

powder of 
Fe3O4 +MF 

4.394
HQ: 100 powder 2.493
C166: 100 powder 16.74
Fe3O4: 100 powder 5.669
HQ: 60.8, other 
kerosene

MRF
1.827

C166: 60.8, other 
kerosene

AF
12.48(a)
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Fig. 1 and compared to those of MCF, MRF, MF, and 
powder. The caption in the figure is shown in Table 1 in 
detail. “Fe3O4” in the figure means the magnetite in MF, 
“powder” the particles only and “HQ” the carbonyl iron 
having 1.2 m of mean diameter made by BASF Co. 
Ltd. AMCF means the compounded fluids of ACF and 
MCF, which we call “Amorphous Magnetic Compound 
Fluid”. AF means the fluid having only amorphous 
particles of C166, which we call “Amorphous Fluid”. 
The magnetic property obtained from Fig. 1 is also 
shown in Table 1. The saturation magnetization is 
defined by that of the involved particles. That of ACF is 
smaller than that of MCF. Therefore, the order of the 
saturation magnetization is MRF>MCF>AMCF>ACF> (c)
MF.  
The residual magnetizations and the areas of the 
hysterisis loops of ACF and amorphous particles are 
much larger than those of MCF, MRF, Fe3O4, and HQ. 

HYDRODYNAMIC CHARACTERISTICS 

We examined the viscosity using cone-type rotating 
rheometers under a uniform magnetic field. The 
magnetic field was applied transversely to the lower 
plate. Details of the experimental apparatus were  

(d)
Figure 2 Viscosity to magnetic field intensity of (a) ACF, 
(b) MCF, (c) MRF and (d) AF 

reported in our other investigation [2, 3]. The 
experimental results are shown in Fig. 2 and compared 
to those of MCF, MRF and AF. The viscosity of ACF is 
less than that of MCF. This is due to the formation of 
magnetic clusters. As seen in the following section, the 
“string magnetic cluster” of ACM is weaker than the 
magnetic cluster of MCF. Therefore, the string-like 
magnetic cluster can be distributed by a given flow rate, 
and the viscosity of ACF then becomes less than that of 
MCF. 

(a)

CLUSTER

The particles involved in the ACF and other fluids are 
aggregated as clusters. The clusters can be extracted 
from ACF as well as from MCF and MRF using the 
technique proposed by Shimada [9]. A microscope 
photograph is shown in Fig. 3. The magnetic cluster of 
ACF differs from that of MCF. The length of the former 
is much larger than that of the latter, as shown by Fig. 1. 
In addition, the attractive strength between the particles 
of the former is much greater than that in the latter in 
the case when a force is immediately applied to the 
magnetic clusters in order to distribute each particle 
uniformly. Therefore, the magnetic cluster in ACF can (b)
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be called a “string magnetic cluster.” However, the force 
holding the cluster formation in the former is much 
larger than that in the latter if the applied magnetic field 
is removed from the magnetic clusters. This is due to the 
remnant magnetization, as shown in the previous section. 
After removing the magnetic field, the particles in ACF, 
AMCF and AF can be held in a string-like cluster 
formation due to the remnant magnetization of the 
amorphous particles, as shown in Fig. 3(c-2), (d-2), and 
(e-2).

(a-1)                    (a-2) 

(b-1)                    (b-2) 

 (c-1)                     (c-2) 

(d-1)                      (d-2) 

 (e-1)                     (e-2) 
Figure 3 Magnetic clusters of the fluids produced under 
a magnetic field as seen by a microscope with a 
multiplying ratio of 60: (a) MCF, (b) MRF, (c) ACF, (d) 
AMCF, (e) AF; -1 indicates just after being removed 

from a magnetic field without any vibration, -2 indicates 
after being removed from a magnetic field and given a 
vibration 

The particles involved in the ACF were observed by 
TEM, as shown in Fig. 4. Co and P are in the same 
position while Fe is in another position. Therefore, the 
Fe3O4 particles are surrounded by the amorphous 
particles. On the other hand, the amorphous particles are 
aggregated due to the remnant magnetization. 

(a)                     (b) 

(c)                     (d) 
Figure 4 Photographs of ACF by TEM with a 
multiplying ratio of 10000: (a) all particles, (b) only Co, 
(c) only Fe, (d) only 

APPLICATIONS 

We tried to apply the ACF to polishing as one of its 
engineering applications. We used an experimental 
apparatus for float polishing, as shown in Fig. 5. A 
polishing tool having a permanent magnet with a 
diameter of 8 mm and maximum strength of 4500 Gauss 
was rotated by a drilling machine having a constant 
speed of 515 rpm. A disk type testing specimen made of 
brass having a diameter of 30 mm and thickness of 1 
mm was attached to the surface of a lower load cell 
capsule. A testing fluid was inserted between the test 
specimen and the polishing tool. The load cell capsule 
was moved by the vibration machine with two types of 
motion, rotation and knitted brows rotation, having an 
amplitude of 10mm and a frequency of 20rpm. The 
clearance between the test specimen and the polishing 
tool was adjusted using an attachment to the vibration 
machine. 
Table 2 shows the testing fluids of MCF and ACF used 
in the present study. 
Figure 6 shows the surface roughness after polishing of 
Ra as (a) and of Ry as (b). The initial roughness Ra was 
0.0923 m and the Ry was 0.616 m. The polishing 
effect from using the ACF was a mirror-like surface, 
similar to the case of using the MCF. The cause of this 
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with needle-like magnetic clusters aggregated by iron 
and Fe3O4 particles, polishes like a toothbrush, as shown 
in Fig. 7(b). Therefore, a mirror-like polished surface 
can be obtained by a polishing cloth with the ACF’s 
clusters as well as by a polishing toothbrush with the 
MCF clusters. 

result was the previously mentioned “string magnetic 
cluster”: for ACF, as shown in Fig. 7(a), “string 
magnetic clusters” aggregated by amorphous and Fe3O4
particles function like a polishing cloth. ACF can polish 
more smoothly than MCF. On the other hand, MCF,  

Although the viscosity and saturation magnetization of 
ACF are smaller than those of MCF, the polishing effect 
of ACF is the same as that of MCF. The aggregated 
particle formation is a critical factor in the field of 
polishing. This result is very typical. 

Figure 5 Schematic diagram of float polishing apparatus 
using the fluids 

Table 2 Composite of MCF and ACF in float polishing 

(a)

(b)
Figure 6 Surface roughness by float polishing utilizing 
ACF and MCF. 

Testing 
fluid 

Components Mass 
concentration

MCF  HQ 30 g 
kerosene-baseed magnetic 
fluid HC50 (50 wt%)
38.7 g 

kerosene 29 g 
abbrasive particle 
(Al2O3 (3 m)) 19.7 g 

-cellurose 6.3 g 

HQ 24.3 
wt%

Fe3O4 15.6 
wt%

ACF C166 30 g 
kerosene-baseed magnetic 
fluid HC50 (50 wt%)
38.7 g 

kerosene 29 g 
abbrasive particle 
(Al2O3 (3 m)) 19.7 g 

-cellurose 6.3 g 

C166 24.3 
wt%

Fe3O4 15.6 
wt%

(a)
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(b)
Figure 7 Schematic diagram of polishing model by 
string clusters in (a) ACF and (b) MCF 

CONCLUSION

We proposed an amorphous compound fluid (ACF) as a 
new intelligent or smart fluid. We investigated the 
hydrodynamic characteristics of the fluid’s viscosity and 
magnetic characteristics under a DC magnetic field. The 
viscosity and saturation magnetization of ACF are 
smaller than those of the previous magnetic responsive 
fluid, MCF, but its polishing effect is the same. The 
aggregated particle formation is a critical factor in the 
field of polishing. 
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ABSTRACT 

Agricultural vehicle manufacturers are employing new semi-active cab suspensions using Magnetorheological (MR) 
technology. The use of MR technology in cab suspensions is a logical next step in improving operator safety and 
comfort. The speed and simplicity of MR technology enables the use of low-stiffness springs without the compromise 
between ride and stability, and can provide roll, isolation and pitch stability.  MR fluids are materials that respond to a 
magnetic field with a dramatic change in rheological behavior. These fluids can reversibly change instantaneously from 
a free-flowing liquid to a semi-solid with controllable yield strength when exposed to a magnetic field.  MR systems 
have been developed with a modular, integrated approach that can include a damper containing MR fluid, air 
spring, automatic electronic leveling, sensors, controller, and CANbus data communication.   

KEY WORDS  

WBV, whole body vibration, MR Fluid, Magnetorheological, Cabin suspension 

INTRODUCTION 

The impact of vibration on humans has been studied and 
reported since the 1930’s with first reports on the 
relation of spinal trauma and truck and tractor driving 
published in the 50’s. RM Stayner has compiled a report 
[1] with about 230 references on Whole-Body Vibration 
(WBV), Hand and Arm Vibration (HAV) and shock. 
WBV describes the vibrations generated by any 
machine, be it tools or vehicles, transmitted to the 
human body and which, if above a certain intensity and 

duration, causes detrimental physical effects (from 
motion sickness to spine and neck pain). The interest of 
this study goes to heavy duty vehicles used in 
agriculture, construction or transport, where WBV is 
caused by the wheels driving over uneven or rough 
surface or operating various attachments to excavate the 
ground or load materials.  
Numerous measurements have been taken and compiled 
by various organizations like Landesamt für 
Arbeitsschutz (LAS) in Potsdam or in cooperative work 
under the EU mandated Advisory Committee on Safety 
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and Health at Work (by HSE, ISVR, HSL, BGIA, 
INRS) [2]. Vehicles that are often listed to contributing 
to WBV induced problems involve: forklift trucks, 
tractors and other agricultural machinery, heavy 
construction vehicles, like excavators, loaders, overhead 
(bridge) cranes, high speed boats, not to mention 
military numerous vehicles.  

Vibration is defined by magnitude and frequency. For 
WBV it is most common to measure and report the 
vibration magnitude by its root-mean-square weighted 
acceleration (m/s²). As to the vibration frequencies their 
effect on health being variable, but the most relevant 
ones are between 0.5Hz and 80 Hz. To better modulate 
the effect of frequency, factors are applied (function of 
absolute frequency as well as for x, y or z directions) in 
order to obtain frequency weighted vibration values. 
Figure 1 illustrates the levels of vibration magnitude in 
common equipment used in Europe [2].

Figure 1: Examples of vibration magnitudes for 
common equipment on the EU market. 

The physical agents Directive (Vibration) 2002/44/EC 
that came into force in July 2005 defines a WBV 
exposure action value, above which control measures 

must be implemented to limit the WBV risks, as well as 
exposure value limits above which workers must not be 
exposed to. The daily vibration exposure action value 
(A(8), the continuous equivalent acceleration, 
normalised to an 8 hour day) is 0.5 m/s² and the daily 
exposure limit value is 1.15 m/s². 

TRACTOR MR SUSPENSION SYSTEM  

Focusing on solutions to WBV in heavy duty vehicles, 
emphasis was put on agricultural vehicles as they move 
over all sorts of terrain, use attachments to perform 
tasks that increase vibrations and shocks, and eventually 
see their speed increased to the 60 km/h range. The size 
and weight of cabins continue to increase, and despite 
very good seat suspensions solutions, shocks, roll, pitch 
are increasingly difficult to mitigate. The impact on the 
health of tractor drivers caused by the transmitted 
vibrations is known and manufacturers have offered 
various levels of NVH solution to their customers. 
There are four types of tractor construction when it 
comes to suspensions: 

1) Unsuspended tractor 
2) Suspended cabin tractor 
3) Suspended front axle & suspended cabin tractor 
4) Fully suspended (front & rear axle) tractor 

For tractors, the classic “one-piece” engine- 
transmission-rear axle construction makes integration of 
axle suspension difficult or expensive, such that many 
tractor manufacturers mitigate the vibration reduction 
challenge by installing seats with x,y,z suspensions 
(dampers and (air) springs). Those systems have been 
shown to reduce z-axis vibration acceleration by up to 
65% [3]. The next step is the incorporation of various 
cabin suspension systems. In 1987 Renault, now Claas, 
developed and offered the “Hydrostable” cabin 
suspension system with four coil-over-damper 
suspensions at each cabin corner, struts and anti-roll 
bars. CNH offers a “Comfort Ride” system where the 
front of the cab is on rubber-metal mounts (or higher 
performance viscous versions) and the rear cab corners 
are suspended on coil-over-damper suspensions over the 
rear axle. This is a typical solution adopted by many 
manufacturers. Only JCB, towards the end of the 80’s, 
launched the “Fastrac”, a front and rear axle suspended 
chassis for speeds up to 65 km/h. Finally a commonly 
manufactured tractor suspension system is a front axle 
suspension system (CNH “Terraglide”, John Deere 
“Triple Link Suspension”), which is combined with a 
two point cab suspension. Starting from those existing 
systems and based on the proven Lord 
magneto-rheological (MR) technology, an integrated 
adaptive cab suspension system was developed to 
further reduce WBV and improve ride comfort for 
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tractors that have larger and heavier cabins and 
increased driving speeds. 

DESCRIPTION OF ADAPTIVE MR SUSPNESION 

The Lord Smart Fluids based on magneto-rheological 
(MR) formulations are widely used in automotive 
suspensions technology [4][5][6]. They are proven in 
GM, Honda, Audi, Ferrari car models and in 
development for adaptive engine mounts and bushings. 
MR dampers have wide control range that depends 
mostly on the applied current which generates a 
magnetic field which is in turn affecting the rheology of 
the fluid. As such, the applied magnetic field controls 
the energy dissipation of the fluid inside the damper. 
Figure 2 shows the forces obtained with a small MR 
damper. 

Figure 2 RD1005 MR Damper with 70 cm3 fluid 
volume and max 240W dissipation @ 20 cm/s 

The suspension unit is based on three components: first 
a MR damper with +/- 50 mm stroke, a maximum of 
350N damping force in OFF (no current) state and up to 
3500N in full ON state at 2A in extension or 
compression. Second, over the damper, an air spring is 
attached. Finally both parts are operated via a control 
module with integrated air levelling valves and 
microprocessor control board. 

The control part of the damper locate above the air 
spring, contains an inlet and outlet for the compressed 
air used to regulate the air spring which is also used to 
level the cab. 

The valves are controlled from the main electronic 
board that also contains the microprocessor and 
memories with the control algorithms and tractor 
specific tuning parameters. The damper position is 
determined by a magneto-strictive sensor located inside 
the damper rod, an xyz accelerometer on the electronics 
board delivers the data for movement control. The unit 

communicates with the other MR suspensions and the 
tractor ECU via CAN Bus. 

Figure 3: Integrated MR suspension prototype 
(integrated electronics) schematic view 

In terms of mechanical integration on the tractor, the 
simplest design consists of two hard front rubber 
mounts which provide roll stability coupled with two 
MR units at the rear providing isolation and pitch 
stability. Next one can design a 2-point control with 2 
MR suspensions at the rear providing isolation, pitch 
and roll stability, coupled with two soft front rubber 
mounts. This solution potentially eliminates the roll bar. 

Figure 4: MR cab suspension system layout 

Finally four MR suspensions at each corner represent an 
optimal semi-active control solution. 

Cabin

Tractor 

Frame
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RIDE CONTROL STRATEGY AND 
PERFORMANCE 

Following outputs are being addressed to optimize the 
ride comfort in view of minimizing WBV: 1) cab 
levelling control, 2) cab vertical control, 3) cab roll 
control, 4) cab pitch control, 5) end stop and snubber 
control. The inputs to the various control algorithms are 
numerous: right and left damper position and 
acceleration (lateral and vertical) come from the MR 
suspension and are used for pitch, roll and vertical 
skyhook control in order to minimize cab acceleration 
relative to the earth. 

The CANbus also delivers information from the tractor 
to the suspension control unit. Acceleration (engine 
rpm), braking and direction (forward or reverse) and 
gear change are used for pitch control. Steering angle 
and speed are computed to counteract centrifugal force 
and control roll. The relative position of each unit and 
their relative velocity are also used to determine cab 
levelling and the air flow in or out of the air spring. This 
relative position is also used by the adaptive rate control 
algorithm to modulate the current to the MR damper 
allowing very precise, situation dependent damping 
control efficiently dealing with WBV. 

The control algorithms have default setpoints which can 
be tuned to specific physical tractor cab configurations 
and driving situation (soft, medium, hard, field work or 
drive on public road). This Tractor specific tuning is 
done via specific software on a portable computer. The 
chosen gains and parameters are then sent via the 
CANbus to the MR suspension memory and the system 
operates independently thereafter. 

Figure 5: System performance results on test rig 

Figure 5 compares the performance of various systems 
installed in a test rig. The MR based system insulates 
from vibrations in the entire low frequency range of 
interest. The two lower curves show the improvements 
of the MR adaptronic suspension vs. classical cab 
suspension systems. The implementation of the 
suspension system on heavy duty vehicles is underway 
and is detailed in different publications. 

CONCLUSIONS 

An adaptronic suspension system was developed to 
reduce or cancel acceleration in the detrimental WBV 
frequency below 20 Hz. This innovative integration of 
MR technology, air spring and dedicated control 
electronics is applicable to cabin suspension of large 
and heavy driver cabins in trucks, tractors or any heavy 
duty vehicles known to induce WBV. The MR based 
cab suspension offers a way to comply with the physical 
agents Directive (Vibration) 2002/44/EC, but mainly 
enables operators of heavy equipment to work under 
improved conditions of comfort, health and safety.
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ABSTRACT 

One of the main problems of electrohydraulic drives is relatively low dynamic load stiffness due to compressibility of 
oil. Sudden load variations can cause significant deviations of the position of the drive and, consequently, a reduced 
precision of the controlled process. This has led to a partial substitution of electrohydraulic drives by electromechanical 
drives in a low power range recently. 
One of the approaches to increase dynamic stiffness of a cylinder is to raise valve dynamics. Thus, the system can react 
to a control deviation and provide the cylinder with a compensating flow faster. 
The objective of this paper is to show the development of a stiff cylinder drive using a new high-response servovalve - 
the hybrid valve. In contrast to a conventional servovalve with an unmovable sleeve, the idea of the hybrid valve is to 
actuate both the spool and the sleeve simultaneously in opposite directions. Using a piezo-actuator as sleeve drive 
provides the hybrid valve with very high dynamics in the range of small valve opening, which should be sufficient to 
increase the disturbance rejection of the cylinder. The performance of the valve prototype and of the cylinder will be 
shown, and application fields will be discussed in this work. 

KEY WORDS  

Cylinder Stiffness, Position Control, Servovalve, Hybrid Valve, Piezo-Actuator 

INTRODUCTION 

An electrohydraulic linear drive which is operated by a 
control valve and subjected to an external dynamic load 
deviates from its reference position until the load is 
balanced by the increased pressure in the counteractive 
cylinder chamber. The balancing pressure increases due 
to a compression of oil in the chamber on the one hand 
and compensating flow provided by the control valve on 
the other hand. The ratio of the external dynamic load 
and the deviation of the drive position due to this load is 
called dynamic load stiffness. The higher is the stiffness, 
the more precise control of the drive can be achieved in 

any manufacturing processes. 
The dynamic load stiffness of the electrohydraulic linear 
drive depends on many factors. Some of them are oil 
compressibility (oil type, dissolved air in oil), dead 
volume between the drive and the control valve, drive 
leakage, friction, availability of accumulators, 
mechanical backlash between the drive and the driven 
object, strategy and sampling of the controller, 
resolution and dynamics of the sensors involved in the 
control loop as well as static and dynamic 
characteristics of the control valve [1]. The focus of this 
paper is the improvement of drive performance by use 
of a novel control valve – the hybrid valve. 
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CONCEPT AND DESIGN OF THE HYBRID 

VALVE 

The idea of the hybrid valve is to actuate both the spool 
and the sleeve, whereas in conventional servovalves the 
sleeve is fixed. Due to a simultaneous actuation of both 
parts in opposite directions the control orifices can be 
opened and closed faster [2]. This enables the hybrid 
valve to provide the cylinder with a compensating flow 
faster and therefore to reduce the position deviation 
during dynamic load variation. 
Figure 1 shows the concept of the hybrid valve. Here 
the spool is driven by a relatively slow conventional 
valve actuator known as a permanent magnet linear 
force motor with a large stroke ( 0.5 mm), whereas the 
sleeve is driven by a fast piezo-actuator with a short 
stroke (approx. 10% of linear force motor stroke). 

Figure 1 Hybrid valve concept 

Spool and sleeve should both be driven in closed 
position control loops to compensate for the 
disturbances due to flow and friction forces. Therefore 
two position sensors should be integrated into the valve 
measuring spool and sleeve movements. 
Besides excellent dynamics, the hybrid valve offers the 
advantage of high resolution for a small operating signal. 
Thus, 10% of the valve flow rate can be controlled with 
a piezo-actuator resolution which is limited by the 
command signal condition only. 
The design of the hybrid valve is based on the 
modification of a conventional direct drive servovalve 
D636 by Moog [3] with a nominal flow rate of 37 l/min 
at a pressure drop of 70 bar over two control orifices. 
The piezo-actuator is a low voltage, mechanically 
prestressed stack actuator (P-843.60) with an integrated 
position sensor by PI [4]. The position sensor is a 
Wheatstone bridge of strain gauges bonded to the 
piezo-ceramics. A membrane sealing has been designed 
to protect the actuator from oil as this type of piezo is 
hydrophobic. 
The position sensor of the spool is a linear variable 
differential transformer (LVDT). In contrast to the 
original design of the valve the sensor has been attached 
to the armature of the linear force motor directly (s. 
Figure 1) in order to allow the mounting of the 
piezo-actuator. 
The connection of the spool to the linear force motor 
remained unmodified as a form-locked join in the 
conventional valve. The connection of the sleeve to the 

piezo-actuator has been designed as a force-locked join. 
The sleeve is pushed by the piezo-actuator in one 
direction only and retracted by stiff plate springs. The 
force-locked join compensates possible misalignment of 
the actuator and the sleeve due to manufacturing 
inaccuracy. 

Figure 2 Conventional valve and hybrid valve prototype 

Figure 2 shows the conventional valve in front and the 
hybrid valve prototype in the background. All parts of 
the prototype except for the original valve parts have 
been manufactured at IFAS. 

PERFORMANCE OF THE HYBRID VALVE 

In the following static and dynamic performance of the 
hybrid valve is shown. All the measurements were been 
carried out according to ISO 10770-1 [5] with a supply 
pressure of 140 bar. 
Figure 3 presents pressure gain curves of the 
conventional valve and the hybrid valve. Due to a 
higher internal leakage of the hybrid valve its pressure 
gain curve has a slightly smaller slope in the region of 
hydraulic zero-point. 

Figure 3 Pressure gain 

In order to increase load stiffness of a drive the pressure 
gain of the valve should be as high as possible. The 
reduced pressure gain of the hybrid valve will be 
compensated by its high dynamics. 
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Figure 4 shows flow gain curves of the conventional 
valve and the hybrid valve at a constant pressure drop of 
70 bar over two control orifices for a command signal of 
10%. It can be seen that the slope of the curves is nearly 
the same in this region of the valve opening. However a 
smaller hysteresis of the hybrid valve due to an exact 
control of the piezo-actuator can be clearly recognized 
in the pressure and flow gain curves. In general the 
smaller is the hysteresis of a control valve, the higher is 
the precision of the pressure, velocity and position 
control of a drive [6]. 

Figure 4 Flow gain 

Step responses of both valve actuators are shown in 
Figure 5. The working ports A and B were blocked 
during the test. The response time of the piezo-actuator 
is 10 times faster than that of the linear force motor in 
the characteristic stroke ranges. 

Figure 5 Step responses 

Figure 6 and Figure 7 present frequency responses of 
hybrid valve actuators. Here a continuous sine sweep 
command signal from 10 Hz to 500 Hz has been applied 
at different levels. The signal level - 5% and 90% - 
refers to the nominal stroke amplitude of the actuators 
( 0.5 mm for linear force motor and 40 μm for 
piezo-actuator).

Figure 6 Frequency response of 5% 

Figure 7 Frequency response of 90% 

Whereas the frequency response of the linear force 
motor decreases with a rising signal level, the 
piezo-actuator shows nearly the same performance 
independently of signal level in this frequency range. 
The high dynamics of the sleeve actuation should raise 
the response of the valve and increase the load stiffness 
of the controlled drive. 

DRIVE CONTROL STRATEGIES 

In this section different position control strategies of an 
electrohydraulic linear drive are discussed. 

Figure 8 Conventional position control 
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A simple conventional position control circuit implies a 
main control loop with a position feedback of the 
cylinder and a subsidiary position control of a single 
valve actuator (i.e. linear force motor) (s. Figure 8). The 
reference signal of the linear force motor yLM ref is 
generated by a PI-controller. 
As the hybrid valve has two actuators both of them 
should be integrated into the drive control loop. The 
first approach (s. Figure 9) is based on the compensation 
of a cylinder position error by the piezo-actuator directly. 
For this reason the reference signal of the piezo-actuator 
yP ref equals the reference signal of the linear force motor 
yLM ref with an opposite sign. There are also subsidiary 
position control loops of the both valve actuators. The 
position controller of the piezo-actuator has been 
implemented as a PI-controller and has been discussed 
in [7]. This approach is called here “HV cylind.”. 

Figure 9 Position control with strategy “HV cylind.” 

The second approach (s. Figure 10) relies on the 
compensation of a linear motor position error by the 
piezo-actuator. Thus the piezo-actuator contributes to 
the position control of the drive indirectly. Here the 
reference signal of the piezo-actuator yP ref equals the 
position error of the linear motor (yLM ref - yLM act). The 
name of this control strategy is “HV linmot.”. 

Figure 10 Position control with strategy “HV linmot.” 

The advantage of the approach “HV cylind.” is the fact, 
that the piezo-actuator keeps the valve open until the 
cylinder position error is reduced to zero. This provides 

the cylinder with a maximum velocity during the whole 
response time. In contrast to this the approach “HV 
linmot.” brings the piezo-actuator to its zero-point very 
quickly after the position error of the linear force motor 
has been compensated. So the time of maximal valve 
opening in this case is shorter and the drive reaches the 
desired position later (s. Figure 12). 

DRIVE PERFORMANCE 

For the investigation of drive performance in terms of 
reference response and disturbance rejection a test rig (s. 
Figure 11) was built at IFAS. The cylinder at the bottom 
is a test cylinder which is investigated and can be 
controlled by the conventional valve or the hybrid valve. 
It is a low friction state-of-the-art cylinder with an 
annular gap sealing by Haenchen [8] for challenging 
control applications. The test cylinder has a stroke of 

25 mm and possesses an integrated position 
measurement system (LVDT). The control valve is 
mounted on the test cylinder directly. There are 
accumulators on the pressure supply line and tank line 
to reduce pressure variations in these lines near the 
drive. 

Figure 11 Test rig 

The test cylinder is operated in a position control. The 
disturbance for the test cylinder can by applied by a load 
cylinder on the top of the test rig. The load cylinder is 
driven by a high response servovalve D769 by Moog [9] 
in a force control. The test rig offers a good flexibility in 
changing the load level and the time constant of the load 
change. Furthermore it is possible to attach an 
adjustable mass on the test cylinder and to vary its 
eigenfrequency. The control circuit has been 
implemented on a DS1103 PPC controller board by 
dSPACE [10] and operates at a sampling rate of 10 kHz. 
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Figure 12 shows the strokes of the valve actuators and 
the reference response of the test cylinder controlled by 
the conventional valve and by the hybrid valve with two 
different control strategies. Here a step reference signal 
Xref has been applied to the unloaded test cylinder. It can 
be seen that the cylinder controlled by the hybrid valve 
with strategy “HV cylind.” reaches the reference 

position faster. The stroke of the linear force motor and 
the piezo-actuator is approximately in the same range. 
The improvement of the response compared to the 
conventional system can be estimated to 30%. Due to 
the limitation of the piezo-actuator stroke this 
improvement reduces for higher steps of the reference 
signal. 

Figure 12 Reference response of the test cylinder 

The disturbance rejection of the test cylinder is 
presented in Figure 13. Here a dynamic disturbance 
force of 10 kN, which is 90% of the maximum load 
force at the given supply pressure of 100 bar, has been 
applied on the test cylinder by the load cylinder. Two 
curves in the middle of the figure show the strokes of 

the valve actuators. The position deviation of the test 
cylinder is presented at the bottom of the figure. The 
deviation can be reduced by 26% when the test 
cylinder is controlled by the hybrid valve with a 
strategy “HV cylind.”. Thus the dynamic load stiffness 
of the drive has been improved by 26%. 

Figure 13 Disturbance rejection of the test cylinder 
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CONCLUSION AND PERSPECTIVES 

Facing the problem of relatively low dynamic load 
stiffness of electrohydraulic drives the hybrid valve has 
been developed at IFAS. Its concept combines a 
conventional electromagnetic actuator and a 
piezoelectric actuator in an optimal way for direct drive 
valves. Whereas the relatively slow conventional 
actuator with a large stroke provides the drive with a 
good reference response, the fast piezo-actuator with a 
small stroke results in an outstanding disturbance 
rejection of the drive. The hybrid valve prototype shown 
in this paper possesses static characteristics comparable 
to a conventional valve and dynamic characteristics 
outmatching that of a state-of-the-art valve. 
Even using just relatively simple control strategies with 
a position feedback of the drive a remarkable 
improvement in the drive performance has been 
achieved. The small signal reference response of the 
drive has been enhanced by 30% using the hybrid valve. 
However, this effect decreases for large signal reference 
responses. At the same time the disturbance rejection in 
terms of dynamic load stiffness of the drive was 
improved by 26%. This effect has no dependency on the 
load magnitude as the reaction of the valve to any 
disturbances of the drive is always in the range of very 
small valve openings. 
The hybrid valve will be able to improve the position, 
velocity and force control of electrohydraulic drives in 
machine tools, mills, presses, injection molding 
machines and testing machines. Further research will 
focus on implementation of more sophisticated control 
strategies with a feedback of acceleration or load 
pressure alteration of the drive. 
The development of the hybrid valve has shown that 
piezo technology can be successfully implemented in 
industrial hydraulic valves. This technology has already 
proved itself in the automobile industry, where 
piezo-actuators, similar to the one presented in this 
paper, have been used in fuel injectors since 2002. 
Taking into account falling costs of the piezo-actuators 
due to mass production for the automobile industry they 
become a very attractive alternative or supplement for 
hydraulic valve technology. 
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ABSTRACT 

This paper presents a new concept hydraulic valve that tries to overcome a well-known poser affecting the pilot 
operated proportional valves, the flow forces. Despite of the traditional compensated profile spool valves, the basic idea 
is to design a valve that has as few mobile surfaces as possible. This assumption modifies the traditional valve design 
method and opens to new possibilities for the proportional valves. The solution presented in this paper uses an axial 
flow valve, where the oil gets through the valve across its axis, with two rotating surfaces causing a rotational metering. 
The result of this new design approach shows several advantages with respect to the common spool valves, such as the 
extremely compact size and the device versatility. This particular valve can realize the majority of the functions 
achievable using a two-way two-position proportional valve piloted by two pressure signals (for example a pressure 
compensated valve); the axial flow and the “built-in” metering edges yield the possibility to produce this valve as a 
cartridge component, whit all the advantages incidental to this type of devices. 
Some Computational Fluid Dynamics Analysis confirm the prediction of a low affection of this valve by flow forces, 
this attitude makes the axial Flow and Rotational Metering Valve particularly suitable for the local compensation in 
Flow Sharing Load Sensing distributors. 

KEY WORDS  

Valve, Flow Forces, Metering, Axial Flow 

NOMENCLATURE 

Aflow : area upon which pflow acts 
Aflow,A : Aflow (ARM valve) 
Aflow,s : Aflow (spool valve)  
Apil  : area upon which the pilot pressures act 
F1, F2 : force of the spring 3, 4 (spool valve) 
Fflow : flow forces modulus 
F’  : Tflow reduced at Rcoil
p1, p2 : pressure in volume 6, 5 (spool valve) 
perr  : over-pressure due to flow forces 
perr,A : perr  (ARM valve) 
perr,s : perr  (spool valve) 
pflow : mean pressure recovery on spool walls 
pflow,A : pflow (ARM valve) 
pflow,s : pflow (spool valve) 
pLS  : Load Sensing line pressure 
pm1  : pressure upstream the local compensator 
pv1  : pressure downstream the local compensator 
Rcoil : mean radius of the coil grooves (ARM valve) 

Rflow : maximum distance between the valve axis 
and Aflow,A

Tflow : flow torque (ARM valve) 
x  : spool stroke (spool valve) 
xr  : reducer stroke (ARM valve) 

  : coil angle (ARM valve) 
  : rotor angular stroke (ARM valve) 

INTRODUCTION 

The majority of the power control systems can be 
represented as a block of devices which meter the area 
connecting two volumes; this devices are variable 
orifices and can be piloted in several ways such as: 
manual, pilot-pressure operated, electro-actuated and so 
on. Whatever the piloting method used, the final 
configuration of the device is affected by some 
“secondary effects” caused by the nature of the device 
itself. One of these secondary effects is that caused by 
flow forces. 
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This paper recalls the nature of the flow forces, some 
well-known method to reduce their impact on the device 
behavior and a new way to overcome the problem. 
A new concept valve will be presented with an 
extremely low flow forces effect and a brand new axial 
flow design, some CFD Analysis will show how much 
this solution is effective in reducing the 
“over-compensation” of a two-way pilot operated 
valve . 
Finally, some positive secondary aspects will be shown, 
such as the extreme flexibility of the device, that 
ensures a reduction of the production costs by the 
realization of multiple configurations using the same set 
of components.  

THE NATURE OF THE FLOW FORCES 

The flow forces 

Neglecting the contribution due to changes in flow rate 
[1], flow forces can be considered a “static” phenomena 
that occurs every time a fluid is forced to pass through a 
restriction; due to the continuity equation, whenever a 
fluid passes through a striction it must increase its 
velocity, but its total energy is tends to remain constant, 
neglecting piezometric contribution, the total energy is 
given by the sum of the kinetic and the hydrostatic part. 
The fluid must increase its velocity near the striction, 
and therefore it must convert some of its hydrostatic 
energy into the kinetic; this means that near a restriction 
the fluid accelerates and its static pressure decreases, 
generating a “local pressure loss”. On the other hand, 
once crossed the striction, the fluid decreases its 
velocity re-converting the kinetic energetic part into the 
hydrostatic one, generating a “local pressure recovery”. 
This phenomena does not cause problems or disturbs 
hydraulic devices themselves, but is the first cause of 
the Flow Forces; the local pressure losses or recoveries 
cause forces when they occur near a surface. If the 
surface on which the pressure losses and recoveries act 
is a fixed surface, it doesn’t occur cause major troubles, 
and the behavior of the devices is not affected. But if it 
occurs on mobile surfaces, which can move along the 
same direction where the pilot pressure works, their 
force and the pilot force will sum in ruling the 
configuration of the device. 

Figure 1 Usual 2 way 2 pilot valve 

Let us consider a common spool valve, which has the 
task to meter the flow area between two volumes (A and 
B) in function of two pressure signals (p1 and p2) and 
the force of two springs (F1 and F2). Referring to Figure 
1, this valve is made up by a body (1) with two port (7) 
and (8) communicating with the volumes A (at pressure 
pA) and B (at pressure pB) respectively. The ports (9) and 
(10) connect the pilot chambers (5) and (6) with their 
respective pilot intake (at pressure p2 and p1,
respectively); the springs (4) and (5) complete the 
device logic providing the forces F2 an F1 respectively. 
Linking the volumes (5) and (6) with several pressure 
intake it is possible to create the majority of the working 
logic in metering the flow area between two volumes. 
The flow area is ruled by the axial position of the spool, 
and the axial position of the spool is determined by the 
equilibrium of the forces acting on the spool itself. To 
understand the relevance of the Flow Forces, an 
estimate of the spool equilibrium is advisable. 
Let’s suppose that pA is greater than pB and the purpose 
of this valve is to meter the flow area between volume A 
and volume B in function of the pressures p1 and p2.
At the beginning (p1 = p2) the spool in the position 
represented in Figure 1, and upstream the spool the 
pressure is pA, while downstream the metering edge the 
pressure is pB (even between the spool walls). 
Increasing p2 the spool moves right, opening the flow 
area between A and B; pretending that the flow forces 
don’t exist, the equilibrium equation of the spool is 
given by Eq. (1): 

(1) xFApxF pilpil 221

Where Apil is the area on which the pilot pressures 
works (supposed equal on both sides); as it can be seen 
in Eq. 1, the spool position x is given only by the 
pressures p1 and p2 and the two springs. 
If we look more accurately, it is easy to recognize the 
striction through which the fluid must pass to reach 
volume B starting from A. The fluid must accelerate 
near the striction (right wall of the spool) causing a local 
pressure loss, and it must decrease its velocity near the 
left wall of the spool, generating a local pressure 
recovery.  
Both the pressure loss and recovery throw off balance 
the spool with an axial force directed from right to left 
that tries to close the connection between volume A and 
B; the correct spool equilibrium equation is given in Eq. 
2): 

(2) 

Fflow is function of a large number of parameters [2] [3] 
such as the flow area, the shape of the area, the jet angle, 
the pressure gradient, the flow rate and so on; it’s very 
easy to understand that due to the flow forces the spool 
position is function of several undesired factors that 

p1 A

xFApFxFAp pilflowpil 2211
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affect the device logic. 
The usual countermeasure is the inlet/outlet profile 
compensation; adopting this design method we can 
reach two advantages, first of all it is possible to reduce 
the momentum variation of the fluid (under-acting the 
local pressure losses and recoveries), secondary the 
local pressure variation can be dispatched near a fix 
wall, cancelling their effect. Unfortunately, the 
non-linearity of the local pressure variation phenomena 
makes this approach effective in some device 
configuration and totally ineffective in others. 
Getting rid of flow forces 

To show a new way to reduce Flow Forces modulus, it’s 
helpful to express Fflow as the ratio between a “mean 
pressure recovery on spool walls” and the area on which 
this recovery acts (normalized with respect to the spool 
displacement), Fflow = pflow * Aflow; the reduction of Fflow
can be reached by the reduction of its factors. 
The first action is to minimize pflow (the mean pressure 
variation) reducing the fluid momentum variation. This 
approach implies the minimization of changes in 
direction of the fluid streamlines in passing through the 
valve. A spool valve constraints the fluid to perform two 
variations of direction (from radial to axial and then 
from axial to radial). The elimination of the direction 
variation of the fluid velocity suggests the adoption of a 
valve that makes the fluid to pass through without 
changing its direction, such as a purely axial flow valve. 
The increase and the decrease of the fluid velocity 
across the striction is not removable (until the continuity 
equation holds), so it’s expected that pflow will not drop 
to zero. 
To explain exactly which actions can be undertaken to 
minimize Aflow, it is necessary to focus on Aflow definition. 
The pressure losses and recovery are dangerous when 
they’re near a surface, but this surface must be able to 
generate a non zero work along the permitted 
displacement of the device. More precisely, referring to 
Figure 1, a pressure local variation can be near three 
type of walls: 

A fixed surface (such as a body wall), in this case 
the pressure variation doesn’t work, because 
the wall doesn’t move 

A cylindrical spool surface (such as the lateral 
spool surfaces), in this case the pressure 
variation doesn’t work, because the surfaces 
are always orthogonal whit respect of the 
permitted displacement 

A plane spool surfaces (such as the vertical spool 
surfaces), in this case the pressure variation 
works, because the force generated by itself is 
directed as the permitted movement. 

Reducing Aflow means lowering the size of the areas on 
which the pressure variations act, but means also 
skewing that surfaces with respect to the displacement 
direction. Common spool valve sizes are more or less 
proportional to the maximum flow rate allowed, this 

means that trying to reduce Aflow in common spool 
valves is a drudgery; the minimization of Aflow is 
constrained by the need of an edge made up by mobile 
surface whose sizes are approximately equal to the base 
of a cylinder housing the spool. 
One possible way to minimize Aflow is to use edges that 
move orthogonally with respect to the piloting devices 
(diaphragms, or rotational meterings) .  

Figure 2 The ARM valve 

THE PROPORTIONAL VALVE WITH AXIAL 

FLOW AND ROTATIONAL METERING 

Trying to design a low-flow-forces valve, a new valve 
was conceived, named Proportional Valve with Axial 
Flow and Rotational Metering (ARM), and patented as 
Patent IT TO2007A000518 [4]. This valve almost 
insensitive to flow forces and allows an axial fluid flow. 
This latter aspect makes the component particularly 
suited for cartridge design. 
The basic idea is to meter the pass through regulating 
two areas. The size of these areas is ruled by the relative 
rotation between two components (a stator and a rotor)
shaped in order to commute from the “fully closed” 
position to the “fully open” through a relative rotation 
of a given angle . Pilot pressures and possibly springs 
act on an element called reducer. Its position rules the 
angular displacement between the stator and the rotor. 
The ARM valve as a local compensator 

Similarly to the common spool valves, the ARM valve 
can realize a large number of logical operations 
according as the arrangement of the pilot pressure 
intakes. For the sake of understanding, suppose that the 
ARM valve is used as a pressure compensating valve in 
a Load Sensing Flow Sharing System (LSFS).  
Referring to Figure 3, the task of this valve is to keep 
the pressure in pm1 at the Load Sensing value pLS. The 
volume pm1 is connected directly to the supply port of 
the pump (supposed to be an LS compensated pump), 
from pm1, the fluid passes through the compensator in 
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order to decrease the pressure, until it reaches the 
section load pressure. In order to perform this operation, 
the compensator meters the passing area until the 
pressure pm1 is kept equal to pLS. Moreover, if pm1 is the 
highest pressure among all the sections, the shuttle 
valve S opens and the LS line reaches the pressure pm1.
To perform this specific task, the ARM valve is made up 
by seven elements. Referring to Figure 4, these elements 
are: the stator (or the cartridge) (1), the rotor (2), a 
blocking bolt (3), the reducer (4), two spacers (5) and 
(6) and a spring (7). 

Figure 3 An LSFS local compensator hydraulic scheme 

The cartridge (1) has a tubular shape, with a closed base 
in which two holes are shaped, in order to control a 
controlled area through which the fluid flows. Three 
straight grooves are machined inside the cylindrical 
surface of the cartridge allowing the stator to engage 
with the reducer (4), creating a prismatic coupling. 
Some holes are drilled both on the base and on the skin 
of the cartridge, so that the upstream pressure pm1 and 
the LS pressure pLS can reach their chambers (the 
volumes from which the holes take the pressure signals 
are not represented, because they are obtained in the 
body of the valve housing the ARM). The ARM valve 
can integrate the function of the shuttle valve, in fact it 
can select the pressure signal of the highest load and 
send it on the LS line. This feature is obtained by means 
of three more holes drilled on the skin of the cartridge 
connecting the pm1 signal chamber to the LS when pm1 is 
higher than pLS.
The rotor (2) is cylindrical as well. It has a closed base 
where two holes are located, in order to control a 
controlled area through which the fluid flows. These 
holes are made so as to meter (together with those on 
the cartridge) the passing area. The rotor is shaped to 
enter totally inside the cartridge. Three coil grooves are 
machined on the external skin of the rotor, thus allowing 
the rotor and the reducer to engage to each other. Holes 
and grooves are positioned so as to be in the “fully 

closed” configuration when the reducer is at its 
maximum displacement on the upstream side. 
The blocking bolt (3) constrains the rotor to be fixed 
with respect to the cartridge along its axis, but permits 
the relative rotation of the two elements.  
The reducer (4) is a flat ring that couples the cartridge 
and the rotor. Since the reducer is positioned between 
the stator and the rotor, it separates the volumes 
between the two elements into two chambers where it is 
possible to bring the two desired pressure signals. 
The particular coupling choice of this device ensures 
that an axial translation of the reducer (with respect to 
the cartridge) causes an axial rotation of the rotor (with 
respect to the cartridge as well). 
The axial position of the reducer univocally set the 
angular position of the rotor and, thereby, the metering 
of the valve. The axial position of the rotor is a function 
of the two pressures in the pilot chambers and of the 
spring force. 

Figure 4 The ARM valve arranged as an LSFS local 
compensator 

The spacers (5) and (6) work as end-stops for the 
reducer axial displacement and the spring (7) places the 
reducer against the upstream end-stop, so as to place the 
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ARM valve in “fully closed” configuration when all 
pressures are zero (requested feature in local 
compensator for LSFS valves).  
ARM local compensator action 

The ARM valve, arranged as previously described and 
positioned downstream a metering edge, can perform 
the same identical function of a traditional spool-based 
local compensator, integrating the selection of the 
maximum pressure signal (shuttle valve S in Figure 3). 
When the section is not activated, the ARM valve is in 
the “fully closed” configuration (the spring pretension 
applies a very small threshold pressure). The upstream 
pilot chamber is subject to the upstream pressure pm1,
whilst the downstream chamber is at the LS pressure pLS
(the pressure of the highest load of all the active 
sections). When the section is active, the supply flow 
finds a closed port (ARM “fully closed”), and then the 
pressure pm1 starts rising. As soon as pm1 exceeds pLS the 
reducer moves backwards (towards the downstream of 
the valve). 
The more the reducer moves towards, the more the rotor 
rotates. In fact, named  the coil angle, if the reducer 
moves backwards a stroke xr, the rotor covers an angle 

given by Eq 3:  

     (3) 

The pressure upstream the valve works to gradually line 
up the holes of the cartridge and of the rotor (opening 
the valve). The ARM enters its metering condition, and 
pm1 = pLS (neglecting the spring and the flow forces). If 
pm1 is the highest pressure among all sections, pLS can’t 
counterbalance it, therefore the reducer moves totally 
backwards reaching the downstream end-stop. In this 
position there is an open link between the upstream pilot 
chamber and the LS line, inducing pLS = pm1.
Further lowering of flow forces 

We had already described the straightforward approach 
to reduce flow forces sensitivity of the valves, namely 
an action on the mean pressure local variation pflow and 
the area on which it acts Aflow. At this point, since the 
principles of the ARM valve are known, it is possible to 
show how this device can reduce further the flow forces 
sensitivity by a smart kinematic chain that makes flow 
forces “work badly”. 
The regulation error introduced by the flow forces can 
be expressed by the pressure perr = Fflow / Apil. perr is the 
pressure that unbalances the system adding itself to the 
pilot pressure that moves the devices towards the “fully 
closed” direction. So perr is a significant error indicator 
that considers the flow forces modulus, but also how 
them works on the device. Using perr, instead of the 
usual Fflow, we can consider not only the influence of the 
valve shape on the regulation error, but also the 
influence of the piloting device of the valve. 
In case of a common spool valve Fflow = pflow * Aflow, so 

perr,s value is given by Eq. 4: 

 (4) 
spilsflowsflowserr AApp ,,,, /)(

In the ARM valve, some additional considerations must 
be applied: 

pflow,A acts on walls that rotate, instead of 
translating 

pflow,A, supposed constant, working on Aflow
causes an axial torque Tflow = pflow,A * Aflow,A * 
(Rflow / 2), where (Rflow /2) is the mean radius on 
which pflow acts 

named Rcoil the radius of the coil of the rotor 
(Rcoil > Rflow), the torque Tflow is countervailed 
by a tangential force F’ = Tflow / Rcoil

named  the coil angle, the axial force needed to 
generate a tangential force equal to F’ is Fflow

and its value is Fflow = F’ * tan( /2- )
As a consequence, in case of ARM valve, perr,A is given 
by Eq. 5:  
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For the sake of comparison between a spool valve and 
the ARM valve, some hypothesis on the ARM 
performances must be introduced: 

Rcoil = Rflow

Aflow = 0.6 * Apil for both valves  
 = 45°, so tan( /2- )=1 

pflow, s = pflow, A
Using these assumption perr,s = 2 * perr,A. More realistic 
hypothesis are: Rcoil = 1.3 * Rflow, Aflow,A = 0.2 * Apil,A,
= 45°, pflow, s = 8 * pflow, A, these new assumptions show 
that a common spool compensator is up to ten times 
more sensitive to flow forces than an ARM valve. 

CFD ANALYSIS 

A preliminary numerical analysis campaign was 
performed in order to verify the performance of the 
ARM valve. It focused on the flow forces and the 
metering characteristic of the new valve. The analysis 
shows that the ARM valve is scarcely affected by the 
flow forces, due to its particular rotating metering edges 
and its kinematic chain, that dramatically decreases the 
force that countervail the valve pilot pressure. 
The following example allows the reader to benchmark 
a common spool valve with respect to the ARM valve. 
In this case the boundary conditions are the upstream 
and downstream pressures (pm1 = 300 bar, pv1 = 100 bar) 
and the pressure gap is 200 bar. Figure 5 is shows the 
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pressure contour over the only surfaces that can perform 
a non-zero work on the pilot system. Some local 
pressure drops (about 50 to 100 bar) are on these 
surfaces (blue colored), but it is easy to notice that these 
zones are very small, inducing a small torque Tflow of 
0.14 Nm that, thanks to the kinematic coupling, causes 
only 0.5 bar perr.

Figure 5 Contour plot of pressures on the ARM valve 

Figure 6 shows the results of a spool compensator valve 
studied in the same boundary conditions (pm1 = 300 bar, 
pv1 = 100 bar). It is easy to notice that there are wider 
pressure recoveries on the mobile surfaces of the spool 
(red to green colored). These pressure recoveries 
generate a Fflow about 110 N, that means (in the specific 
case) a perr close to 5 bar. 

FURTHER ASPECTS 

ARM valve features additional interesting 
characteristics both on functionality and machining. 
It has an extremely compact design (axial dimension 
about 50 mm, radial dimension 25 mm, with nominal 
flow of 85 l/min and nominal pressure drop of 3 bar) 
including all inside components, making the design 
specially suitable for cartridge valves. The overall 
dimensions are comparable to those of a fitting and can 
be integrated in a valve port or hose fitting with almost 
negligible impact on block size.  
Valve dimension allow a very fast reaction. The moving 
part weights few grams, compared to the usual 50-200 g 
of conventional spools. This feature keeps inertia effect 
to a minimum. 
The fast action makes the proposed valve suitable also 
for critical applications where fast reaction is needed. 
As to the production features, ARM valve can be easily 
configured to perform a large part of the conceivable 
control logic functions usually performed by 2-way 
valves using the same set of base components. A 

complete series of valves can be produced from a 
limited set of common components. For instance, using 
the same components, two valves with opposite pilot 
pressure logic can be produced, simply modifying the 
mounting. This achievement is not trivial, since in 
traditional valves the exchange of pilot pressure logic 
forces modifications on valve housing, with additional 
production costs. 
Different functions can be performed simply varying 
position and number of drilled holes or using different 
spacers. All results can be achieved with negligible 
additional costs. 
Preliminary numerical investigations, both CFD and 
dynamic, confirmed the positive advances that the 
component makes possible. Physical prototype 
production is being undertaken and will trigger an 
experimental functional qualification.

Figure 6 Contour plot of pressures on a spool 
compensator 
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ABSTRACT

The Stewart platform type parallel link mechanism with 6 degrees of freedom is a structure which has arranged 
six single rod hydraulic cylinders parallel between the base platform and the end effecter of the controlled object. 
The both ends of each link are connected with the base platform and the end effecter using free joints, respectively. 
The terminal can rotate freely. By controlling the length of each link by the hydraulic cylinder, the position and 
posture of the end effecter is controlled with 6 degrees of freedom in three-dimensional space.  

In this report, the dynamic characteristics between the input and output of one link that comprises the parallel 
link mechanism is measured. The frequency response is measured for the various center position or attitude of the 
end effecter. The load mass and the amplitude are also changed. 

The interference that each link receives from one link is examined by experiment. The frequency response of the 
interference that each link received is presented. 

KEY WORDS 

Parallel Link, Six Degrees of Freedom, Electro-Hydraulic Servo Cylinder 

NOMENCLATURE 

A: amplitude 
C: end effecter center of gravity 
Lm: length of link m
M: load mass of end effecter 
Ps1: supply pressure to cylinder in push side 
Ps2: supply pressure to servo valve  
x, y, z: coordinate of C
^: deviation of variable  

INTRODUCTION

The Stewart platform type parallel link mechanism 
with 6 degrees of freedom is a structure which has 
arranged six single rod hydraulic cylinders parallel 
between the base platform and the end effecter of the 
controlled object as shown by Figure 1 and Photo 1 
[1],[2],[3]. The both ends of each link are connected 
with the base platform and the end effecter using free 
joints, respectively. The terminal can rotate freely. By 
controlling the length of each link by the hydraulic 
cylinder, the position and posture of the end effecter is 
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controlled with 6 degrees of freedom in 
three-dimensional space. The parallel link mechanism 
has high rigidity and high output compared with a serial 
link mechanism. Since the error is not accumulated, 
highly precise positioning can be performed. It is 
widely used for a vibration test machine of many 
degrees of freedom, a driving simulator for a car, and a 
flight simulator for an airplane, etc.  

In this report, the dynamic characteristics between 
the input and output of one link that comprises a 
parallel link mechanism are measured. The frequency 

response is measured for the various center position or 
attitude of the end effecter. The load mass and the 
amplitude are also changed. 

The parallel link mechanism comprises so-called 
interaction system, where the movement of one link 
influences those of other links through the end effecter. 
The interference that each link received from one link is 
examined by experiment. The frequency response of 
the interference that each link receives is presented. 

Figure 1 Parallel link mechanism with six degrees of freedom and coordinate system

EXPERIMENTAL DEVICE 

A structure of the experimental device is shown by 
Figure 2. 

The desired position and posture of the point C on 
the end effecter are inputted into PC. The desired length 
of each cylinder is computed from them with inverse 
kinematics calculation. The center position of operation 
is made (x, y, z)= (0, 0, 0). Each link length at this time 
is all li = 327 mm equally. The desired signal is 
outputted to the servo amplifier from PC. The cylinder 
pressure of the push side, Ps1 is constant. The cylinder 
expands and contracts with adjusting the pull side 
pressure by the servo valve. The cylinder (link) length 

is measured by a potentiometer and sent to the servo 
valve as a feedback signal. The signal is also sent to PC 
and recorded. The control method is P control.  

The gain margin is 10 dB. The supply pressure to 
the servo valve, Ps  is 7.3MPa. The supply pressure to 
the push side cylinder, Ps1 is 2.1MPa. The sampling 
time is 10 ms. 
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End effecter

Base platform 

Cylinder

Universal joint 

Potention meter

Photo1 Experimental device

PS1

Displacement
l1

Link 1

PS2

Desired value
Rl2, ,Rl6

Displacement 
l2, ,l6

End effector 

Base platform 

Potentiometer

Cylinder

Servo 
valve 

Servo 
amplifier

Desired value 
Rl1

Link 2 ~ Link 6 

Figure 2 Structure of experimental device 
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Figure 3 Time response of each link when sinusoidal wave signal is inputted to link1 

Table 1 Parameter values 

Cross-sectional area of cylinder in push side  A1=3.14x10-4m2

Cross-sectional area of cylinder in pull side   A2=1.37x10-4m2

Minimum link length                       Lmin = 0.282 m 
Maximum link length                       Lmax = 0.377m 
Load mass                                 M = 0, 20, 40, 60 kg

Supply pressure to cylinder in push side     Ps1 = 2.1 MPa 
Supply pressure to servo valve              Ps2 = 7.3 MPa 
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Experimental Result 

Figure 4 Differences among frequency responses of 
each link  

Figure 5 Effect of inclination 

Figure 3 shows wave form when the desired value 
of 1Hz sine wave is inputted into link 1, and the 
movement of each link is shown. The desired values of 
the other links are constant (stop signal).  

Difference among frequency response of each link 

The difference among the characteristics in the 
drive system of each link was tested. Inputting the 
desired value of sine wave into one link, and constant 
value (stop signal) into other links, the frequency 
response of each link was measured. It turns out that 
each link has the almost same frequency response 
characteristics.

Effect of inclination 

Inclination was given to the end effecter and the 
frequency response of link 1 was measured. It turns out 
that there is almost no difference in frequency 
responses between x = 0 and 10 degrees. 

Figure 6 Effect of level z

Figure 7 Effect of load mass M

Effect of level 

The center position of the end effecter oscillation 
was moved in vertical direction, and the frequency 
response of link1 was measured. Some difference 
appeared with the position. 

601 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



Effect of load mass 

The frequency responses were measured for various 
load mass. When mass is large, the gain fall is large at 
the frequency more than 3 Hz. 

Effect of amplitude 

The influence of the amplitude of reference signal 
was examined. The gain fall is remarkable on the 
frequency more than 3 Hz, when the amplitude is large. 

Interference to each link from link1 

When the desired value is inputted into one link, the 
other links are moved by interference as shown in 
Figure 3. 

When the desired value of the sine wave was 
inputted into link 1, and constant values (stop signal) 
were inputted into the other links, the vibration of each 
link was measured. 

The Bode diagram is shown in Figure9 by 
calculating the ratio of the amplitude of each link to the 
amplitude of link 1. On low frequency, there is little 
interference. When frequency becomes high, 
interference becomes large. Especially the interference 
to link 2 is large. 

Figure 8 Effect of amplitude A

Figure 9 Interference to each link from link1 

Conclusion

The frequency response of each link of parallel link 
mechanism with 6 degrees-of-freedom using 
electro-hydraulic servo cylinders was investigated in 
detail. 

The influences of the center position, posture of the 
end effecter, load mass, and the amplitude on the 
frequency responses were investigated experimentally. 

The frequency response hardly changes depending 
on the center position or the posture of the end effecter. 

When load mass or the amplitude is enlarged, the 
fall of the gain is remarkable on high frequency. 

The interference between links was measured. The 
interference also becomes remarkable with the increase 
in frequency.
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STUDY ON A CONTROL SYSTEM OF HYDRAULIC 
LIFTING AND MOVING RAIL EQUPMENT TEST BENCH 

Zhengyao YI , Wei XIONG and Haitao WANG  

 Transportation and Logistics Engineering College, Dalian Maritime University 
1Linghai Road, Dalian,116026, China 

(E-mail: wht810@vip.sina.com) 

ABSTRACT 

A hydraulic lifting-moving-rail equipment test bench is designed, which can lift and move the rail for examining and 
repairing. The loading system is an electric-hydraulic servo control system. The original control strategy has some 
disadvantages, such as overshoot and slow response, which severely effect dynamic performance and test precision of 
system.  According to the fuzzy control theory, the fuzzy-PID controller was designed by using ordinarily PID 
controller method. Experiments show that the performance of fuzzy-PID control system is obviously improved. 

KEY WORDS  

Hydraulic lifting-moving-rail equipment, Test bench, Electric-hydraulic servo control, Fuzzy-PID controller 

INTRODUCTION

In recent years, with the rapid development of rail 
transportation in China, more high-speed and 
heavy-load trains are utilized. It is necessary to maintain 
railway in a good condition. Hydraulic 
lifting-moving-rail equipment which is used to raise and 
toggle rail for examination is an important device for 
railway. Its quality plays a critical role in maintenance 
and repair of railway. Thus, the functional detection of 
hydraulic lifting-moving-rail equipment is needed. 
The hydraulic test bench is utilized to test output force 
of hydraulic lifting-moving-rail equipment. The process 
of pressurizing and maintaining is controlled by an 
electro-hydraulic servo-controller. With the influence of 
flow rate, pressure difference of orifices, inertia of oil 
and piston rod, leak of oil and lag of loop, there are 
many disadvantage of existing control strategies such as 
instability of system, large overshoot and slow response, 
which affects the dynamic performance and detection 
precision of system seriously [1-2]. So, it is necessary to 

find optimized control strategies. However, it is difficult 
to get good experimental results by using traditional 
PID control methods. Fuzzy control is used to adapt the 
change of system parameters in order to control the 
system steadily and accurately. But fuzzy control fails to 
make upper precision for its own features [3]. Therefore, 
fuzzy -PID control strategy which combines the merits 
of fuzzy control and PID control is adopted in this 
paper. 

STRUCTURE AND CONTROL PRINCIPLE OF 

THE BENCH 

Hydraulic Lifting-moving-rail Equipment 

A model of hydraulic lifting-moving-rail equipment is 
shown in Figure 1. With the piston rod of cylinder 
extension by loading oil tank which connected with 
cylinder, the lifting wheel can lift and move the rail, and 
maintain the rail in a certain high for 3 minutes. It is 
necessary to detect the hydraulic lifting-moving-rail 
equipment due to its leak and coecibility of the oil and 
its quality. 
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Figure 1 Hydraulic lifting-moving-rail equipment 

Hydraulic System Principle of the Test Bench 

1. Frame 2.Displacement sensor 3.Loading cylinder 4. 
Press plate 5. Push plate 6.Hydraulic lifting-moving-rail 

equipment 7.Drive staff 8. Tilting cylinder 

Figure 2 Structure of the test bench  

The structure of the test bench is shown in Figure 2 and 
the hydraulic system principle of the test bench is 
shown in Figure 3. The cylinder piston rod controlled by 
“J” change valve and detected by displacement sensor is 
connected with the press plate and push plate , whose 
function is loading lifting-moving-rail equipment. The 
tilting cylinder controlled by “Y” change valve is 
connected with the drive staff, whose function is rising 
cylinder piston rod of lifting-moving-rail equipment. 
The electromagnetic relief valve plays a role in 
adjusting the pressure of system loop. 

1. Tilting cylinder2. “Y” change valve 3. Flow 
regulating valve 4. Loading cylinder 5. “J” change valve 

6.Accumulator7.Safety valve8. Hydraulic pump 
9.Electromagnetic relief valve10.Oil tank 

Figure 3 Hydraulic system principle o f the test bench 

Control System Principle of the Bench 

Test bench of hydraulic lifting-moving-rail equipment is 
a control system which tests load actively. It is a closed 
loop system which is mainly comprised of amplifier, 
magnetic proportional overflow valve, hydraulic 
cylinder and pressure sensor, etc. Load control system is 
shown in Figure4. 

Figure 4 Control system principle of the test bench 

DESIGN OF FUZZY CONTROLLER 

Principle of Fuzzy PID Control 

Traditional PID control is precise and steady. However, 
it can’t adapt the change of parameters. Fuzzy control 
system is better in dynamic condition, but it can’t 
achieve steady precision; sometimes cause limit cycles 
oscillations. Thus, fuzzy-PID linear control is proposed 
to combine the merits of traditional PID and fuzzy 

Lifting wheel Oil tank

Cylinder

LoadForce sensor Servo valve Amplifier 
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control system [3]. Its principal is illustrated in Figure5. 

Figure 5 Fuzzy PID complex controller 

The main principal of fuzzy PID linear control is 
explained as following: when system error (e) enter into 
<0> grade and output (uf) of fuzzy controller is zero, the 
output (uc) of controller is equal to the output (u1)of 
linear PID, namely uc = u1. The system is totally 
adjusted by linear PID controller. On the other hand, 
when system error is out of <0> grade, output (uf) of 
fuzzy controller is not zero and output (uc) of controller 
is the combination of the output (uf) of fuzzy controller 
and the output (u1) of linear PID, namely uc=uf+u1. The 
system is drove more efficiently and obtains better 
steady dynamic performance [5]. 
Design of Fuzzy Control Rule Table on the Bench 

The control rule is showed in table 1.  

Table 1 Fuzzy control rule  

 The change of pressure error CE 
E/CE NB NM NS 0 PS PM PB
NB PB PB PB PB PM 0 0 
NM PB PB PB PB PM 0 0 
NS PM PM PM PM 0 NS NS
N0 PM PM PS 0 NS NM NM
PB PM PM PS 0 NS NM NM
PS PS PS 0 NM NM NM NM

Pressure 
error E 

PM 0 0 NM NB NB NB NB

When system error is big negative and the variation is 
negative, the trend of error increases. Therefore, the big 
positive variation of controlled quantity is selected in 
order to get rid of the big negative error and restrain the 
trend of error to be big. When system error is negative 
and the variation is positive, the trend of error decreases. 
Therefore, the small controlled quantity is selected in 
order to get rid of the negative error and restrain 
overshoot. When system error is big negative and the 
variation is small positive, the mid positive variation of 
controlled quantity is selected. When system error is big 
negative and the variation is big positive or mid positive, 
the increase of controlled quantity is not suitable, or else 

it will bring overshoot. Therefore, the <0> grade 
controlled quantity is selected. Obviously, when system 
error is mid negative, the choice of controlled quantity 
is the same as the big negative. Evidently, when system 
error is small negative, the system is approach steady. 

EXPERIMENTS 

Interface of Fuzzy PID Controller 

Based on fuzzy-PID control strategy and discrete PID 
control equation, the fuzzy-PID control system is 
designed by Visual Basic which is shown in Figure6.  

Figure 6 Fuzzy PID control interface 

Results

Three response curves which are respectively drawn 
according to original ratio control, PID control and 
fuzzy-PID control are shown in the following diagram. 

Figure 7 Three time response curves 
As illustrated in Figure 7, if the test system of test bench 
adopts original control, its overshoot is so bigger 
(25.6%) that it is unstable, and response time exceeds 3 
seconds and rise time is 0.9 seconds. The precision of 
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system is lower. If the test system utilizes PID control, it 
is relatively stable and its overshoot is 16.4%, and 
response time is 2.65 seconds and rise time is 0.75 
seconds. With the test system of fuzzy-PID control, it is 
stable and its overshoot is reduced obviously (lower 
than 8.7%), and response time is 2.25 seconds and rise 
time is 0.65 seconds. The system precision reaches 1% 
(lower than 2%), which meets demand of the system. 

CONCLUSIONS 

(1) The overshoot of fuzzy-PID control system is 
minimum compared to other two control strategies; 

(2) Compared to other two control strategies the 
response time of fuzzy-PID control is shorter than 
other two control strategies, but only little 
difference;  

(3) The rise time of fuzzy-PID control is the shortest. 
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ABSTRACT 

Electro hydraulic actuator (EHA) system has inner and outer loops like a cascade system. The inner loop consists of an 
electric motor, a gear pump, and an angular velocity controller, and the outer loop consists of a hydro-actuator and a 
position controller. Especially, dead-band nonlinearity that exists between the electric motor and the gear pump and 
friction that occurs between the cylinder and the piston are considered. The tracking performance of EHA position 
control systems becomes unsatisfactory due to the dead-band and friction effects. Thus, in order to improve the position 
tracking performance of EHA systems with disturbance, backstepping control scheme for the desired position tracking 
is proposed, which is compared with the conventional PID scheme. 

KEY WORDS  

Electro Hydraulic Actuator, Backstepping control 

INTRODUCTION 

Hydraulic actuators, in general, have shortcomings such 
as the leakage of working fluid, environmental pollution 
due to the leakage, a maintenance load, and limited 
working space, etc. In addition, conventional hydraulic 
actuator(CHA) systems have some problems in case of 
applying to fighting aircrafts, since fighting aircrafts 
require light weight as well as the improvement their 
response performance and fault detection for self safety 
or backup system. Therefore, to overcome these 
problems, EHA systems have been studied for the 
integration of components and electric motor control. 
However, the EHA systems have some merits such as 
size, energy efficiency, and faster response due to high 
stiffness compared with CHA systems. 

The flow rate and pressure in EHA systems are adjusted 
directly by the control of the velocity and rotation 
direction of servo motor connected directly to the 
bidirectional hydraulic pump. Therefore, the motor 
control in EHA systems is very important to obtain 
precise position control performance and velocity 
control performance of the piston. The servo motor of 
EHA systems takes an important role for position and 
velocity controls of the actuator. The position tracking 
performance of the actuator is greatly influenced by the 
load pressure due to external load and friction between 
piston and cylinder. To overcome these problems, 
Pachter et. al. proposed a robust adaptive control 
scheme which can guarantee good position tracking 
control performance, although the system is influenced 
by disturbance and perturbation of system parameters[1]. 
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Kokotovic et. al. suggested an EHA system with inner 
loop for the speed control and outer loop for the position 
control and applied an adaptive control scheme to the 
inner loop [2]. Although they proposed various control 
schemes to cope with system uncertainties and 
disturbance, the establishment of the inner loop 
controller is technically difficult and it is very expensive 
to develop it. 
In this paper, a bacstepping controller is proposed for 
the position control of the piston rod with disturbances 
such as the load exerted on the piston rod and the 
contact friction between the piston and the cylinder, 
which affect to the rotation of the servo motor. And the 
backstepping scheme is compared with a conventional 
PID scheme for EHA systems with disturbances. 
Computer simulations are executed in order to verity the 
effectiveness of the backstepping control scheme for the 
EHA system with disturbances. 

SYSTEM MODELING 

Figure 1 shows an EHA system, which consists of the 
electric servo motor and the bi-directional gear pump. 
The gear pump is rotated by the servo motor and then 
the flow rate is generated in the gear pump. The 
generated pressure by the flow rate makes a position 
change in the piston rod. And the movement direction of 
the piston is related to the rotation direction of the servo 
motor. 

As shown in Fig. 1, the servo motor and the 
bi-directional gear pump are connected directly. 
Therefore, the servo motor and the gear pump of the 
EHA position control system can be represented as [3, 
4] 

)( bapDBppmpmpm ppCTBJT     (1) 
where

pmJ ,
pmB ,

pC , DBT  and 
p
 are the equivalent 

inertia, equivalent viscous friction, volumetric capacity 
of the pump, torque loss due to static friction, and 
angular velocity of the pump, respectively. 

To derive the dynamics of EHA systems, Newton’s 
second law is applied for the hydraulic piston. Then, 

)(1)( fricl FAp
M

tx .        (2) 

Figure 1 The schematic of an EHA system 

where )(tx , M , A , lp , and 
fricF  are the moving 

position of piston, the piston mass, the cross section 
area of piston, the load pressure( ba pp ), and LuGre 
friction, respectively. And the derivatives of pressures 

ap and bp  of both the sides on piston can be 
represented as [5] 

a

ak
a V

xAqp )( ,
b

bk
b V

xAqp )(     (3) 

The chamber volumes aV  and bV  depend on the 
position of the piston )(tx  as follows: 

)()( 0 tAxVtV aa , )()( 0 tAxVtV bb      (4) 
The flow rates ( aq , bq ) in the hydraulic pump can be 

represented with the pressure of the pump ( ap , bp ) and 
the angular velocity(

p
) of  the pump as follows: 

lfppa pLCq , ab qq        (5) 
where 

fL  is the leakage factor of the pump. 
By differentiating Eq. (2), we can determine how these 

pressures can be controlled as follows: 

fricl FpA
M

x 1           (6) 

CONTROLLER DESIGN 

Figure 2 shows the block diagram of the EHA position 
control system. The EHA position control system 
consists of the inner loop for the speed control of the 
servo motor and the outer loop for the position control 
of the piston. For the speed control of the motor in the 
inner loop, a proportional and derivative (PD) controller 
is used. In addition, the dynamics of the inner loop is 
not considered to design a backstepping position 
controller. 
To design the backstepping controller, Eq. (6) is 

transformed as a general form [6] as follows: 
bufx             (7) 

where 

],([1 2

Lffric
ba

ba
k pLFx

VV
VVA

M
f

,
)(

ba

pbak

VV
CVVA

M
b .pu

Figure 2 Block diagram of the EHA position control 
system 
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Now, let us Eq. (2) represent state equations. Then, 

bufx
xx
xx

3

32

21
            (8) 

And, in order to design the backstepping controller, a 
new states are defined as follows: 

)(11 trxz             (9) 
)( 1122 zxz             (10) 

),( 21233 zzxz            (11) 
The design procedure of the backstepping controller 

is as follows: 

Step 1 
From Eq. (9), state equation for 1z  can be described as 

).()( 1121 trzzz           (12) 
In order to select )( 11 z  to guarantee stability for 

error dynamics in Eq. (12), the Lyapunov control 
function(LCF) is defined as 

.
2
1)( 2

111 zzV              (13) 

Then, 
.])([)( 211111111 zzrzzzzzV        (14) 

From Eq. (14), if rzkz 1111 )( , Eq. (12) can be 
exponentially stable when t . And 01k  is a 
design parameter. 

Step2 
From Eq. (10), state equation for 2z  can be described 
as

)(),( 1121232 zzzzz            (15) 
where 

.)(

)(

112111

1
1

1

1
11

rr

r
r

xzkzkxzk

x
x

z
z

z

Since Eq. (15) includes the information of Eq. (12), the 
LCF can be selected as 

.
2
1)(),( 2

211212 zzVzzV            (16) 

Then,  

)](),([

)(),(

112121232
2
11

2211212

zzzzzzzzk
zzzVzzV       (17) 

If the last term of Eq. (17) is defined as 
,)(),( 22112121 zkzzzz

Then, 2 can be obtained as 

rxzkzkkzz 1
2

1221212 )1()(),(      (18) 
where 02k  is a design parameter. 
Therefore, 

.2
22

2
11322 zkzkzzV           (19) 

Step 3 

From Eq. (11), the state equation for 3z  is described as 

),()(),( 21221233 zzbufzzxz      (20) 
where 

,

),(

1221

1
1

2
2

2

2
1

1

2
212

zkz

z
z

z
z

zz       (21) 

and

.211
2

1

2
2

2

1
1

1
1

r

r
r

xzkzk

x
x

z
z

z
z         (22) 

Substituting Eqs. (12), (15), and (22) into Eq. (21), Eq. 
(21) can be rearranged as 

.)()1(),( 2211
2

1212 rxzkkzkzz
Since Eq. (20) uses the information of 1z  and 2z , the 

LCF included Eq. (16) can be described as 

.
2
1),(),,( 2

32123213 zzzVzzzV         (23) 

Then, 

).(

),,(

223
2
22

2
11

3323213

bufzzzkzk
zzVzzzV       (24) 

If the last term of Eq. (24) is defined as 
),,( 212233 zzbufzzk        (25) 

From Eq. (25), the backstepping control law can be 
obtained as 

).(1
2332 fzzk

b
u          (26) 

Substituting Eq. (25) into Eq. (24), Eq. (24) can be 
described as  

2
33

2
22

2
113213 ),,( zkzkzkzzzV          (27) 

Thus, from Eq. (27), the proposed backstepping control 
law is exponentially stable, since the time derivative of 
the LCF about new states is negative. 

SIMULATION AND DISCUSSION 

To design a backstepping position controller, only 
actuator dynamics neglected the inner dynamics is 
considered. And in order to confirm the position 
tracking performance of the proposed backstepping 
scheme, a conventional PID position controller is also 
designed. Figure 3 shows the position command input. 
The position command input 

)]4.2sin()4.0[sin(05.0)( tttxr  has the maximum 
amplitude of ±10 [cm] and the variation of velocity 
during 5 seconds. The load pressure due to the friction 
between the piston and the cylinder is shown in Fig. 4. 
This load pressure interrupts the desired rotation of the 
servo motor and decreases the position tracking 
performance of the EHA position control systems. 
From these simulation conditions, the position error 

results of the backstepping and PID control schemes are 
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shown in Fig. 5. In case of the PID position control 
system, the pattern of the position error is a little 
irregular. However, that of the backstepping position 
control system is relatively regular. From this result, the 
backstepping position control system has desired 
robustness to the disturbance. Also, the transient 
response of the backstepping position control system is 
worse than that of the PID position control system. This 
result is why backstepping position controller use 
differential value of the position output state such as the 
velocity and the acceleration and excessive change of 
the initial error. The root mean square errors for the 
backstepping and the PID control systems are 0.019mm 
and 0.08mm, respectively. Therefore, by using the 
backstepping scheme in place of the PID scheme, the 
tracking position performance of EHA system with 
disturbances can be improved by 4 times. 

CONCLUSION 

Position tracking performance of EHA systems with 
disturbances such as friction and dead-band are 
considered. In order to improve the position tracking 
performance of EHA with disturbances, backstepping

Figure 3 Position command input 

Figure 4 Disturbance input of the EHA system 

Figure 5 Position error of backstepping and PID control 
systems 

position controller is proposed. It is found that 
backstepping control scheme based on the system model 
has robust characteristics for disturbances by computer 
simulation. The inner loop dynamics, which consist of a 
servo motor, a servo driver, and a speed controller, are 
considered as a total EHA systems. And the inner loop 
dynamics are not considered in a backstepping 
controller. However, the EHA position control system 
with the backstepping control scheme has desired 
position tracking performance and robustness. 
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ABSTRACT 

An excavator consists of several hydraulic components which include pumps, a main control valve and cylinders etc. It 
operates by the linkage of the components. This paper is concerned with development of a hydraulic simulator for an 
excavator. The simulator has been developed using AMESim based on specifications of a 1.5 ton excavator. The 
excavator has been installed additional components to investigate an automated field robot; Electro proportional 
pressure reducing valve, electronic joysticks, angle sensors and a controller was installed at the excavator. The 
developed hydraulic simulator has the ability to represent with animation. The modeled MCV has been applied 
non-linear open area of spools.  

KEY WORDS  

Excavator, Simulation, AMESim, MCV 

INTRODUCTION 

The Hydraulic excavator has been the best popular 
construction equipment because of its multi-working 
ability in the construction field [1-2]. However its 
energy efficiency and prevention of environmental crisis 
are still need to improve.  
The capabilities of controllers and components have 
been tested at the excavator directly. However, these 
tests accompany with lots of time, risk, resources. In 
order to develop efficiently, simulation is necessary 
before the test. 
This paper describes the hydraulic simulation of 
excavators. Components and hydraulic system are built 
using the AMESim. 

MODELING OF COMPONENTS 

In order to develop the hydraulic simulator, first each 
component was modeled. MCV, Joysticks, attachment 
were newly modeled in this paper. These component 
modeling are based on 1.5 ton hydraulic excavator. 

Main Control valve 
The MCV consists of various valves for boom, arm, 
bucket, travel motor, dozer and swing etc. Only the 
valves of boom, arm and bucket are considered in this 
paper. 
These valves are 6 ports 3 position types including 
bypass circuits. The Fig.1 is shown a circuit diagram of 
a boom valve. When spool is in neutral, the bypass line 
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is completely open. If pilot pressure act to one side of a 
valve selectively, spool is moved in accordance with the 
pressure. Then the open-area shows a non-linear relation 
with spool displacement as same to the Fig.2. 

Figure 1 Circuit diagram of the boom valve 

Figure 2 Stroke-Open area characteristics of boom valve 

The boom valve was designed in order to include the 
direction of spool and non-linear open-area using the 
AMESim as shown in Fig. 3. 

Figure 3 Modeling of the boom valve using the AMESim 

Joystick 
As for most movements of excavator, it is acted with 
operations of joysticks. The operations decide on pilot 
pressure and direction. The pilot pressure having range 
of 0kg/cm2 to 20kg/cm2 are used. These pressure and 
direction move spools of the MCV, then hydraulic oil 
pass through open-area which are generated by the 
movement of spools. 
In this paper, operating of joysticks is assumed to signal 
between -1 to 1 and pilot pressure to A, B port is directly 
proportional to signal. The models of joysticks are same 
to Fig. 4. 

Figure 4 AMESim model of the joystick 

Attachment 
The size and weight of attachment was obtained by 
making an actual survey. 
In order to start the simulation at wanted shape of the 
attachment, the initial angular position of boom, arm and 
bucket had to be decided. It needed to obtain the 
geometry modeling. 
A coordinate system was determined with 3 degrees of 
freedom as shown in Fig. 5. Although the relative 
angular position of each component has used generally to 
study about an excavator [3-5], the absolute angular 
position which is suitable for the modeling using the 
AMESim has been used in this paper. 

Figure 5 Coordinate system of the attachment 

The joints of boom, arm and bucket are denoted as Ob(xb,
yb), Oa(xa, ya) and Ok(xk, yk). Their points are obtained 
using Eqs. (1) ~ (3). 

0bx ,
0by ,                  (1) 
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ba Lx cos1 ,
ba Ly sin1 ,                (2) 

abk LLx coscos 21 ,
abk LLy sinsin 21 .           (3) 

where b, a are the absolute angular positions of boom 
and arm. 

Figure 6 Four-bar linkages system 

Fig. 6 shows the four-bar linkages which contain arm, 
bucket, control link and control rod. Eq. (4) is shown the 
coordinate point of a joint which connect arm and control 
link, and Eq. (5) is represented a joint which connects 
bucket and control rod. 

abl LLLx cos)(cos 421 ,
abl LLLy sin)(sin 421 ,        (4) 

)sin(coscos 321 kcabr LLLx ,
)cos(sinsin 321 kcabr LLLy . (5) 

where k is the absolute angular position of bucket. 
The distance l of Ol and Or is same to Eq. (6). 

22 )()( rlrl yyxxl .            (6) 

The initial angular position of the control link and 
control rod can be calculated using the second law of 
cosines as shown in Eqs. (7) ~ (8). 
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The attachment was modeled using these equations and 
measuring data as shown in Fig. 7. This model includes 
contour data of boom, arm and bucket, so we can 
confirm the virtual movement of the attachment through 
simulation result. 

Figure 7 Attachment model using AMESim 

Pump
An applied excavator has got three hydraulic pumps. One 
pump was already shown in Fig 4. The pump is used to 
control pilot pressure. The orders are fixed capacity type 
each flowing out 5.1cc/rev. A pump1 mainly take charge 
of the movement of the arm. And a pump2 usually 
concern with motion of boom and bucket. When the 
cylinder need much flow rate, pump2 can concern with 
the operation through a check valve.  
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Cylinder
Attachment is moved by stroke variation of three 
cylinders. The specification of cylinders is the same to 
Table 1. In this study, the weight of cylinders has been 
ignored. 

Table 1 specification of cylinders 

 Boom Arm Bucket 
Piston diameter 55mm 55mm 55mm 
Rod diameter 30mm 30mm 30mm 

Length of stroke 0.38m 0.39m 0.3m 
Free length 0.62m 0.62m 0.52m 

MODELING OF SYSTEM 

The hydraulic simulator system for the excavator was 
completed by assembly of each component. The models 
of the attachment and valves are setting up to each 
separate subcomponent. 
This simulator system works according to input signals 
having range of -1 to 1 which they move valve spools. 
Relief valves set up the maximum pressure in the system 
to 210 kg/cm2. Fig.8 shows the hydraulic simulator 
system using the AMESim. Two pumps turn to the same 
speed because they are connected with the only engine. 
And the flow rates are also same. 

Figure 8 Circuit diagram of simulator using the AMESim 

EXPERIMENT 

We assumed to work excavation and then the signals 
were inputted to each valve. An engine speed was 
supposed to 2300rpm. Then the input signals are same to 
Fig. 9. 

Figure 9 Joystick signals 

The moving direction of attachment according to input 
signal was decided the same to Table 2. 

Table 2 Input signal-moving direction characteristics 

 Boom Arm Bucket 
+ (positive) up crowd crowd 
- (negative) down dump dump 

When input signals are the same to Fig. 9, each cylinder 
stroke is appeared as shown in Fig. 10. 

Figure 10 Cylinder strokes 

Fig. 11 shows the relative angular positions and Fig. 12 
shows the absolute angular positions of the attachment. 

Figure 11 Relative angular positions 

 Figure 12 Absolute angular positions 

The pressure at both ends of cylinders is also obtained by 
this simulation as shown Fig. 13. 
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Figure 13 Cylinder Pressure 

This hydraulic simulator calculates not only 
above-mentioned things, but also many other thing, 
trajectory, flow rate, shaft torque etc. Fig. 14 shows the 
flow rates at both ends of cylinders in the same 
simulation. 

Figure 14 Flow rate at ports of cylinders 

The simulation was operated and we obtained the results 
of that. We can confirm the results more quickly and 
easily by an animation function. Fig. 15 is a scene of the 
animation based on the results of the excavation work. 

Figure 15 A scene of animation 

Figure 16 A photo of the applicatory excavator 

CONCLUSIONS 

In this study, the hydraulic simulator is developed for the 
excavator. The mechanicals have been modeled in 
accordance with the specifics and measuring of the 
excavator. The input signal into the MCV can be 
controlled in the simulator. Because the MCV model 
includes a characteristic of non-linear open-area in 
accordance with displacement of spools, it is more 
effective than other studies which use feed-back system 
with linear open-area valve. 
Various results are obtained by the virtual excavation 
work.. We are going to measure the pressure and angular 
positions using the excavator as shown in Fig. 16. The 
measuring data and results of simulation will be 
compared each other to evaluate the simulator.  
After rectification and supplementation, it is expected 
that this hydraulic simulation program are applied 
automation study, performance test of component etc. 

615 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



ACKNOWLEDGEMENTS 

This study was supported by Hyundai Heavy Industries 
co. and Post Brain Korea 21, Republic of Korea. 

REFERENCES 
1. Jong-Hwan Choi, Sung-Su Kim, Soon-Yong Yang and 

Jin-Gul Lee, Robust Trajectory Control of a Hydraulic 
Excavator using Disturbance Observer in H
Framework, Journal of the Korean Society of 
Precision Engineering, 2003, 20-10, pp.130-140. 

2. Sung-Su Kim, Woo-Suk Seo, Soon-Yong Yang, 
Byung-Ryong Lee and Kyung-Kwan Ahn, Trajectory 
Control of Field Robot Using Adaptive Control and 
System Identification, Journal of Control, Automation 
and Systems Engineering, 2002, 8-9, pp.728-735. 

3. Tomi Makkonen, Kelervo Nevala and Rauno Heikkilä, 
A 3D model based control of an excavator, 
Automation in Construction 15, 2006, pp.571-577. 

4. P. K. Vähä and M. J. Skibniewski, Dynamic model of 
excavator, Journal of Aerospace Engineering, 1993, 
6-2, pp.148-158. 

5. Seung Ho Cho, A Simulation on the Hydraulic Control 
Characteristics of Excavator Using Load Sensing 
System, Journal of the Korean Society of Precision 
Engineering, 1998, 15-2, pp.134-145. 

6. AMESim user Manual, IMAGINE, 2000. 
7. John Watton, Fluid Power System, Prentice Hall, 

1989. 

616Copyright © 2008 by JFPS, ISBN 4-931070-07-X



LOAD SENSING WITH ACTIVE REGENERATION SYSTEM 

Pietro MARANI*, Gabriele ANSALONI* and Roberto PAOLUZZI*  

* Institute for Agricultural and Earthmoving Machines (IMAMOTER-CNR) 
National Research Council of Italy 

Via Canal Bianco 28, 44100, Ferrara, Italy 
(E-mail: p.marani@imamoter.cnr.it) 

ABSTRACT 

The paper introduces a novel system design of fluid power systems which improves the control and energy use for 
multiple actuators systems with particular focus on mobile applications such excavators, loaders, tractors. The system 
hereinafter described is based on a new patented technology [1], the “Load Sensing with Active Regeneration System”. 
The main idea is to overcome one of the main drawbacks of multiple actuators conventional Load Sensing Systems:  
while the higher actuator load drives the pump delivery pressure the other active actuators are controlled by the local 
compensators in a dissipative mode. The goal of the novel architecture is to actively use pressure drops usually wasted 
in the local compensators and, in case of assistive or overrunning loads, dissipated over control valves. 

KEY WORDS  

Load Sensing , Active Regeneration, Energy Recovery, Control Valves 

NOMENCLATURE 

Ai :  Cylinder Active Area at generic section i 
Fi :  External Force on Cylinder at generic section i 
Qd :  Flow Rate at Acceptor Section a
Qd :  Flow Rate at Donor Section d
Qi :  Flow Rate at generic section i 
QM :  Flow Rate at Dominant Section M
QP :  Flow Rate Supplied by the Pump 
QR :  Flow Rate Regenerated 
Ti :  External Torque on Motor at generic section i 
Vi :  Motor Displacement at generic section i 
fa :  Load at Acceptor Section a
fd :  Load at Donor Section d
fi : Load at generic Section i
fM : Load at Dominant Section M

 : Effective Pressure Margin 
i : Linear Actuator Area Ratio at generic section i 
d : Linear Actuator Area Ratio at Donor section d

STATE OF ART 

Nowadays the Load Sensing technology can be 
considered mature in many fields of application: Earth 

Moving Machinery (Excavators, Backhoe Loaders, 
Dozers…),  Industrial and Road Construction 
machinery (Telehandlers, Compactors…), Agricultural 
and Forestry Machinery (Feller Bounchers, 
Tractors… ). 
Long time has passed since the appearance of Load 
Sensing Directional Valves, and in this period this 
technology has gained more and more importance on 
the market of mobile applications for two main 
reasons: the first is because of the control friendliness 
since the load movement is independent from the 
external load, and the second because of a better power 
management, in particular an outstanding energy 
saving is achieved in comparison with traditional open 
centre architectures. 
A basic version of Conventional LS System is shown in 
figure 1. A single variable displacement pump supply 
the oil to a block of parallel directional valves. The 
pump “senses” the maximum actuators load (Dominant 
Load) through a chain of shuttle valves and sets the 
delivery pressure at a fixed level equal to the dominant 
load pressure plus a constant margin, the pressure drop 
that must be kept across the metering orifices (Effective 
Pressure Margin).
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Figure 1 Conventional LS Architecture 

The pressure drop across the metering orifice at the 
non-dominant (Dependant) sections is controlled by 
throttling through the local compensators. 
It is trivial to observe that, if the pressure difference 
between the loads is high a large amount of energy 
would be wasted through the local compensators 
(figure 3). At the same time it is evident that control 
strategy isn’t favourable for assistive and overrunning 
loads as the system is intended for the meter in control. 

A NOVEL ARCHITECTURE 

One of the possible schemes of the architecture is 
shown in figure 2. Multiple hydraulic actuators are 
controlled by a valve block connected to a load sensing 
pump through the P rail. The LS signal is generated by 
means of cascade shuttle valves selecting the dominant 
load. 
The valve Discharge Flow Compensator adjusts the 
pressure of the hydraulic actuator’s outflow according 
to an electronic external command, rising the pressure 
on a secondary line called Regeneration rail or R rail.
The P rail and the R rail are connected to the inlet of 
Upstream Compensator adjusting the pressure drop 
across the metering to the effective pressure margin,  
the outlet of the valve feeds the hydraulic actuator. 
The Upstream Compensator is a normally open 
three-position three-way valve. In the closed extreme 
position it disconnects the P and R rails from the 
Actuator; in the middle position connects the R rail but 
not the P, to the actuator regulating the flow from the R 
line; in the third position the connection of the R line is 
saturated open while the flow from the P line is 
regulated. Basically the actuator is fed so that R rail has 
priority on P line, in other words the actuator is fed by 
P line in case the R line has not enough flow rate or 
pressure to meet the required flow. 
A unidirectional valve prevents the reverse flow from 
the actuator inlet to the R line; a second check valve 
prevents the reverse flow from the R line to the 
actuator outlet. 

Figure 2 The ARLS Architecture 

The control strategy is decided by means of the 
pressure transducers placed on inlets and outlets of 
hydraulic actuators that strategy consist on the decision 
of which Discharge Flow Compensator must be 
regulated or closed to rise the outlet pressure and direct 
the Outflow of the Actuator to the R rail. The pressure 
of oil flowing on the R rail must be enough to feed a 
second actuator. It must be noted that differently from 
other systems in which the outlet of some actuator is 
directly connected to a second actuator inlet, though 
without regulation, in the Active Regeneration Load 
Sensing System the flow delivered to each actuator is 
controlled in LS logic by the Upstream Compensator 
so that the flow always matches the request. 

ENERGY CONSIDERATIONS 

In Multi Actuator Hydraulic Systems two basic patterns 
can connect the supply to  actuators and actuators to 
the tank: the first is a parallel architecture, the second is 
a series architecture. 
The second architecture has the general drawback that 
the flow rate of actuators outlet must match the 
requested flow rate of the connected actuators inlet. It 
is trivial to note that if the flow rates always match 
Energy Management would be optimal: The pump 
delivers only the flow requested by the first actuator at 
the sum of loads pressures. Apart from hydraulic losses 
in pipes and valves, the energy requested exactly 
matches the energy delivered. It must be noted 
however that’s very unlikely that the request of a 
actuator matches with the outflow of another in a 
machine work cycle. 
On the other hand the parallel architecture can manage 
different flow requests by the actuators but, as 
discussed in many papers, has the drawback that the 
control of different loads connected to a single source 
is dissipative since the delivery pressure must be 
reduced to the level of the lower loads. It is easy to 
conclude that the if the loads are all equals the power 
management would be optimal because again apart 
from hydraulic losses in pipes and valves the energy 
requested matches exactly the energy delivered. In fact 
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ideally the pump delivers the sum of flow requested by 
the actuators at the actuator’s pressure (figure 3). 
The Active Regeneration Load Sensing System 
combines the benefits of the two mentioned 
architectures, as it can work as a parallel Load Sensing 
System, but can also connect in series the actuators or 
realize a hybrid pattern in which a Actuator is fed both 
by the supply and by a Second Actuator Outflow. An 
important remark is that the control would always be 
optimal as the pressure drop across the metering 
orifices is fixed as in conventional LS systems (figure 
4). 
Some coarse Energetic Considerations can be drawn 
introducing some hypothesis and nomenclature. 

i) The pressure drop on each metering orifice is 
fixed at the effective pressure margin D by the 
Upstream Compensator 

ii) Maximum load (dominant load) section is 
labelled by letter M

iii) Donor section is labelled by letter d and its 
Actuator Outlet delivers flow to rail R

iv) Acceptor section is labelled by letter a and 
receives flow from rail R

v) The section d Discharge Flow Compensator is 
commanded to rise the Outflow from Actuator d

pressure until the pressure on rail R reaches value fa +D
implying that the R line can supply fluid to Section a  

vi) Flow rate at a generic section is Qi, load at a 
generic section is fi being Fi is the external force, Ti the 
external torque; Ai and Vi, respectively, Cylinder 
Active Area and Motor Displacement. 

iii AFf /     or       (1) iii VTf /

vii) Linear Actuator’s Area Ratio is ei

viii) Oil flow rate in R rail is QR

The hypothesis lead to two possible cases: 

CASE 1)
ddRdda QQQQ    (2)

The oil flowing out from Actuator d is less than the 
Flow Request at section a: section a is fed at the same 
time by supply P and by regeneration rail R.
The flow QP supplied by the pump will be the sum of 
all requests minus the regenerated flow QR.

ddaMRiP QQQQQQ )1(     (3)

In this case, see figure 5, the flow pattern is a hybrid 
beetween series and parallel configuration. The 
Discharge Flow Compensator at section d is 
completely closed. 

CASE 2)      (4) 
aRdda QQQQ

The flow out from actuator d is  more than flow rate 
requested from section a: section a is completely fed 
from section d.
The flow QP supplied by the pump will be the sum of 
all requests minus the regenerated flow (equal to flow 
to section a).

dMRiP QQQQQ     (5)

In this case, see figure 6, the flow pattern of sections d

and a is a series configuration. The Discharge Flow 
Compensator at section d is active, making some flow 
rate to be discharged to tank.

               

Figure 3 Conventional LS Architecture Energy Map Figure 4  ARLS Architecture Energy Map
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Figure 5  Active Regeneration Load Sensing System: Case 1 Flow Path 

The touchstone for ARLS System is the conventional 
compensated LS system (figure 1). In this paper the 
approach is to make a comparison between the two; 
mainly as energy balance is concerned. Using equation 
(3), (5) it is possible to define the energy spent in a 
ARLS System (6). Similarly it is possible to write the 
Equation for the Energy spent in LS Systems (7).
   

MadARLS fffW ));(max

)(];)1([max MddaM QQQQQ (6) 

))(( adMMLS QQQfW         (7)

LSARLS WW              (8) 

Appling the equations (6), (7) to the Cases 1 and 2 it is 
possible to obtain two inequalities expressing the 
condition (8). 

CASE 1) 
ddRdda QQQQ

dadddM Qfff ])()1([ 22    

   ))](([ diadMd QQfff    (9)

CASE 2)  
aRdda QQQQ

))](([)( aiaMdaM QQfffQf   (10)

In order to better understand the meaning of the energy 
balance above the concept is applied to three cases: 

One featuring a single section regenerating on 
itself;

Two sections exchanging flow each other through 
regenerative rail R; 

Three sections with two exchanging flow through 
the regenerative rail and the third working normally. 

First Example Pattern: One Section Regenerating 

on Itself

Attention is focused on comparison between the two 
systems, obtaining two cases the first is that the Ratio 
Area is less than one, the second is that the Area Ratio 
is bigger than one. Suppose that a section is 
regenerating while other sections are working 
normally. 

Case 1: Regeneration on section d,  ed<1

)](
1

[)( di
d

MdMd QQffQff  (11)

Observe that this inequality is always verified if the 
pressure induced by the Regenerated flow pattern is 
lower than the maximum load.  

Case 2: Regeneration on section d,  e>1

df          (12)

This condition is verified only for high negative loads.
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Figure 6  Active Regeneration Load Sensing System: Case 2 Flow Path 

Second Example Pattern: Two Active Sections  

Regenerating

Applying the equations (9) and (10) to the case of two 
active sections with section d regenerating the flow to 
section a and supposing that the section at maximum 
load is the donor section d (assuming that the area ratio 
of actuator d is unitary) it is possible to obtain the 
following equations. 

Case 1: Qa < Qd

))(()( aadd QfQf      (13)

d

a

a

d

Q
Q

f
f          (14)

Case 2: Qd < Qa

d

a

a

d

Q
Q

f
f         (15) 

The two equations can be written simplified   

min

max

Q
Q

f
f

a

d        (16) 

where Qmax  and  Qmin are the higher flow rate and 

lower flow rate respectively. 
Significant energy benefits of the ARLS architecture 
can be observed especially when the flow rates are 
close to each other and the loads significantly different. 

Third Example Pattern: Three Active Sections, Two 

Regenerating

A fairly more complex, yet more significant example, 
includes three sections: one working normally, one 
donor and the third acceptor. We again consider unitary 
Area Ratio for sake of simplicity. 

Case 1: Qa < Qd

))](([][ diaMddM QQfffQf

Some considerations can be drawn: if the dominant 
load exceeds the sum of other two loads plus effective 
pressure margin energy benefits are always obtained 
because the second term of equation becomes negative. 
It can be noted also that the greater the flow rate to the 
donor section the greater the energy saving is. 

Case 2: Qd < Qa

))](([)( aiaMdaM QQfffQf

As in former Case it is favourable that the dominant 
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load exceeds the sum of the other two loads plus the 
effective pressure margin. It can be noted at last that 
the greater the flow demand at acceptor section, the 
greater the energy saving is. 

OTHER FEATURES 

The Active Regeneration Load Sensing System has 
manifold assets. The feature discussed in the previous 
paragraphs is to have a flexible flow pattern to 
optimize the energy consumption, but many other 
possibilities arise. 
The first is the possibility to use assistive or 
overrunning loads to aid the movement of other 
actuators without loosing Load Sensing control of 
actuators.  It is widely recognized that a large amount 
of energy is nowadays wasted in operations such as 
lowering loads; the ARLS architecture makes possible 
the recovery of potential energy redirecting the 
Outflow from Overrunning Load Sections to other 
active sections. 
The second is to have a regenerative function in Load 
sensing control. In traditional systems the regenerative 
function is an on off function unfitting the  load 
sensing logic based on proportional control. In the 
ARLS system it is possible to activate a regenerative 
function as discussed in the first example pattern 
throttling the Discharge Flow Compensator while the 
pressure drop across the metering orifice is kept 
constant by the Upstream Compensator.    
The third is to improve the control of assistive and 
overrunning loads: the load sensing system are 
designed for meter-in control, a positive load on the 
Outlet of the Actuator is better controlled in meter-out 
control. The Assistive load can cause in LS systems 
losing of load sensing control (i.e. control proportional 
to meter-in command) or Cavitation as the load sensing 
throttles the actuator inlet line to maintain the effective 
pressure margin on meter-in orifice. In the ARLS 
architecture the Discharge Flow Compensators can be 
used to control the Actuator’s Outlet Pressure assuring 
an optimal controllability and preventing the Cavitation 
phenomena.   
Another improvement with respect to traditional 
systems is that the meter-in function can be disjointed 
to the meter-out. In fact the distributor spool can be 
designed so that the supply to actuator connections has 
proportional feature and the actuator to tank has just 
directional feature and made all meter out regulations 
to be performed by the Discharged Flow Compensator. 
An important feature is to move the saturation point of 
the system as the flow request is lower than or (as a 

worst case) equal to that occurring in traditional 
systems. In fact every time a regenerative path is 
activated the flow supplied by the pump reduces by the 
regenerated flow. Considering a stochastic distribution 
of flow requests configurations it is trivial that the use 
of regenerative paths  can dodge the Flow Saturation 
Event. 
One of  the possible drawbacks of the system is that 
instability could arise since the hydraulic variables vary 
during the working cycles and consequently the control 
parameters and outputs change in time. Possible effects 
of discontinuities at the endstops of cylinders, flow and 
pressure saturations are also points which will need 
further attention. Fortunately first simulations show 
quite encouraging results on this side. 

CONCLUSIONS 

A novel Architecture the Active Regeneration Load 
Sensing System was presented demonstrating that it 
improves the control and energy use for multiple 
actuator systems. An energy comparison with respect to 
traditional LS systems was carried out stressing the 
energy benefits of the ARLS Architecture. 
Additional work is needed to develop a prototype and 
to work out the control strategy to be embedded in an 
electronic controller and will be subject of further 
research in the field. 
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ABSTRACT 

In the hydraulic servo control applications, hydraulic valve-controlled systems, which have a problem of low energy 
efficiency, are used mostly because of the high response characteristics. Hydraulic pump-controlled servo systems have 
high energy-efficiency. However, the conventional pump-controlled systems, which are altered by displacement via 
variable displacement pumps, have lower response. This paper aims to investigate the servo performance of the high 
response and high energy efficiency electro-hydraulic pump-controlled system driven by a variable rotational speed AC 
servo motor in comparison with the conventional pump-controlled systems which are altered by displacement via 
variable displacement pumps. For that, the control strategy, adaptive fuzzy sliding-mode controller (AFSMC) is 
introduced. The AFSMC can not only simplify the fuzzy rule base but also estimate the equivalent control force and 
online self-tune the rule base through the adaptive strategy. The developed high response variable rotational speed 
electro-hydraulic pump-controlled system controlled by AFSMC and the conventional variable displacement 
pump-controlled system (VDPCS) are implemented and verified experimentally for velocity control with various 
velocity targets and external loading conditions. Furthermore, the energy efficiencies of different experiments are 
analyzed and compared precisely by the power quality recorder used to measure the electrical power consumed by the 
AC servo motor.  

KEY WORDS  

AC servo motor, Variable rotational speed, Variable displacement pump, Velocity control 

INTRODUCTION 

The present hydraulic systems are requested for both 

high response and high energy-efficiency. In view of the 
hydraulic circuits, two different hydraulic systems are 
classified, such as hydraulic valve-controlled system 
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and hydraulic pump-controlled system [1]. The 
hydraulic valve-controlled systems have high response 
but low energy-efficiency. Some researches have 
focused on the improvement of energy-efficiency of the 
hydraulic-valve-controlled systems [2-6]. However, it is 
still lower than that of the hydraulic pump-controlled 
system [5-6]. Hydraulic pump-controlled systems have 
high energy efficiency. However, the conventional 
pump-controlled systems that are altered by 
displacement have lower response. Recently, high 
response pump-controlled systems driven by AC servo 
motors are introduced [7-10]. The investigations on high 
response and high efficiency pump-controlled systems 
are still in progress. 

This paper aims to investigate the servo performance of 
the high response and high energy efficiency 
electro-hydraulic pump-controlled system driven by a 
variable rotational speed AC servo motor in comparison 
with the conventional pump-controlled systems which 
are altered by displacement via variable displacement 
pumps. For that, the control strategy, adaptive fuzzy
sliding-mode controller (AFSMC) is introduced. The 
AFSMC can not only simplify the fuzzy rule base but 
also estimate the equivalent control force and online 
self-tune the rule base through the adaptive strategy. The 
AC servo motor driving variable rotational speed 
pump-controlled system (VRSPCS) and the variable 
displacement pump-controlled system (VDPCS) 
controlled by AFSMC are implemented and verified 
experimentally for velocity control under external 
loading condition. Furthermore, the energy efficiencies 
of the experiments are analyzed and compared precisely 
by the power quality recorder used to measure the 
electrical power consumed by the power supply 
systems. 

THE LAYOUT OF EXPERIMENTAL SYSTEM 

The test rig layout of the variable rotational speed 
pump-controlled system (VRSPCS) and the variable 
displacement pump-controlled system (VDPCS) shown 
in Fig.1 is set up for experimentally investigating the 
dynamic behaviors of the control system in this paper. 
The test rig can be divided into four subsystems, 
including the hydraulic servo cylinder system, the 
hydraulic power supply system, the disturbance system 
and the PC-based control system. The specifications of 
the main components are listed in Table 1.  
The hydraulic servo cylinder system contains a 
double-rod symmetrical hydraulic cylinder fitted with a 
linear encoder with the resolution of 0.1 m. The 
hydraulic power supply system of VRSPCS consists of 
a swash plate axial piston pump with constant 
displacement of 12 ml/rev and is driven by an AC servo 
motor. In the velocity control of the VRSPCS, the 
motion of the controlled cylinder is regulated directly by 

the volume flow of the constant displacement pump, i.e. 
the motion of the controlled cylinder is controlled 
directly by the rotational speed of the AC servo motor. 
Thus, the control input signals of the AC servo motor 
are given from the PC-based controller via a D/A 
converter and enlarged by a servo amplifier. On the 
other hand, the hydraulic power supply system of  
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Figure 1 The layout of test rig 

Table 1 Main components’ specifications 

Components Specifications 

AC servo motor 3  220V, 7.0kW 
Rated rotational speed: 2000 rpm

Hydraulic axial
piston pump 

Max. pressure: 40 MPa 
Fixed displacement: 12 ml/rev 

Hydraulic servo 
cylinder 

Max. stroke: 400mm 
Piston /Rod diameter: 80/45mm

Disturance  
cylinder 

Max. stroke: 400mm 
Piston /Rod diameter: 80/45mm

Optical encoder
Range: 500 mm 
Resolution: 0,1 m

Load cell Range: 111kN/10V 
PC-based  
controller 

AMD K6-2 450/512MB 

Power quality 
recorder 

Max. sampling rate: 10K/sec  
A/D resolution: 12bit 1LSB 
Freq. response: 25KHz 

630Copyright © 2008 by JFPS, ISBN 4-931070-07-X



VDPCS consists of a swash plate axial piston pump 
with variable displacement, a swash plate control unit 
and an AC motor. The maximum displacement of the 
variable displacement pump is 12 ml/rev at rotational 
speed 1700rpm. The swash plate control unit alters the 
swash plate’s angle for changing the pump’s 
displacement. The swash plate control unit contains a 
small hydraulic valve-controlled cylinder system for 
adjusting the swash plate angle. In the velocity control 
of the VDPCS, the motion of the controlled cylinder is 
regulated directly by the volume flow of the variable 
displacement pump. Thus, the control input signals of 
the motion control are given from the PC-based 
controller to the servo valve of the swash plate control 
unit via a D/A converter. 
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      (2)

where 
Sz , and when S , it is easy to check 

sgn( )fsu S

The velocity signals are generated by the digital 
differential of position signals that are measured by the 
linear encoder and fed back to the PC-based controller. 
The force signal is measured by the load cell and fed 
back to the PC-based controller. The overall electrical 
power supplied to the electro-hydraulic pump-controlled 
system is measured by the power quality recorder for 
energy efficiency analysis and comparison. Besides, the 
disturbance system, including a disturbance cylinder, 
two relief valves and a gear pump, is used here to 
generate external disturbance forces, which can be 
determined by setting the pressure of the relief valves 
DRV1 and DRV2, for the different loading conditions of 
experiments. 

Adaptive fuzzy sliding-mode controller 

The state equations of the pump-controlled system 
model can be achieved as follows 

1

1 2
2

2
1

( )

( )

( ) ( ) ( ) ( ) ( ) ( )

p

i i

x x t
x x t

x a x t g x u d x f x g x u d x

(3) 

CONTROL STRATEGY AND CONTROLLER 

DESIGN 
in which ( )f x  is the dynamic function of the 
pump-controlled system, ( )g x  is a constant with 
positive value, and ( )d x  is the disturbance function. 
Define the tracking error  as ( )e t

Fuzzy sliding mode control 

Hwang et al. [12] proposed the methods to design the 
fuzzy sliding-mode controller for a non-linear system 
with 2nd order where the error and the error change rate 
were used to synthesize fuzzy reasoning rules. However, 
the rule number was larger and did not give the 
mathematical expression. This paper adopts the sliding 
surface and extends it to the fuzzy sliding 
surface , and make  be a linguistic description 

of . The fuzzy rules are given in the following form 

0S
0S S

S

( ) ( ) ( )d pe t x t x t                         (4) 

where ( )px t  indicates the control output and ( )dx t
is the velocity target. Define a sliding surface as  

1( ) ( ) ( )S t e t k e t                         (5) 

:lR IF  isS l
sF  THEN fsu  is 8 ,l

uF 1,...,7.l Where  is non-zero positive constants. Assume that 
parameters in Eq. (3) are well known and the external 
disturbance is measurable, then the control law can be 
derived as 

1k
(1) 

According to the sup-min compositional rule of 
inference and the defuzzification accomplished by the 
center-of-area method, the mathematical expression can 
be derived as 

* 1
1( )[ ( ) ( ) ( ) ]du g x S t f x d x x k e t       (6) 

where )/)(sat()()( tStStS  and  is the 
boundary layer width of sliding surface S. The 
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properties of the function S  are described as below 
in the design of adaptive law [11]. 

* ˆˆ( ) ( ) [ (S, ) ( )]fz compS t S t g u u u S    (12) 

Property 1: As ,S S S and .S S For ensuring convergence to the boundary layer, the 
adaptive laws of the AFSMC are chosen as 

Property 2: As ,S 0.S S
1ˆ ( )S S                          (13) 

Differentiate Eq. (5) as ˆ( )comp fsu S u                         (14) 

1( ) ( ) ( ) ( ) ( )dS t f x g x u d x x ke t          (7) 
2ˆ S                               (15) 

Substituting Eq. (6) into Eq. (7) gives Controller Design 

The proposed AFSMC strategy will be implemented 
experimentally for the velocity control of the 
pump-controlled system through choosing the suitable 
control parameters sg , , the parameters  in the 
sliding surface and the learning rate parameters 
(

ug 1k

1 2, ).

( ) ( ) 0, 0.S t S t                (8) 

Eq. (8) shows that ( ) [ ( ), ( )]e t e t e t  will converge to 
the neighbourhood of zero as , and the value of 
the neighbourhood depends on the value of 

t
.

However, the system parameters may be unknown or 
perturbed; the controller  cannot be precisely 
implemented. Therefore, by the universal approximation 
theorem, for any , an optimal fuzzy control 

*u

* 0
*ˆ ( , )fzu S  exists that satisfies  

EXPERIMENTS 

Velocity control for velocity target 90mm/s 

The velocity controls of the VRSPCS and VDPCS are 
implemented experimentally using AFSMC for velocity 
target 90mm/s with constant external loading force of 
30 kN. Fig.2 indicates the experiment results of the 
velocity control response and the control error. The 
rising time of the velocity responses in VRSPC can 
reach 0.298 sec, and the settling time can be controlled 
within 0.438 sec. However, the rising time of the 
velocity responses in VDPCS is 0.375 sec, and the 
settling time is 0.654 sec. Furthermore, the transient 
state in VRSPCS is more stable compare to that in 
VDPCS. Thus, the high response performance in the 
VRSPCS is verified. Fig.2(b) schematically depicts the 
zoom in of the steady-state errors that can be controlled 
within 0.31 mm/s in the VRSPCS and within 0.25 mm/s 
in the VDPCS respectively. The excellent performance 
on velocity control accuracy can be clarified in the 
VRSPCS and VDPCS. The comparison of performance, 
including the rising time, the settling time and the 
steady state error is summarized in Table 2. 

* *ˆˆ ( , )fzu u S *                        (9) 

where *  is assumed to be bounded by M* .

Utilize a fuzzy controller ˆˆ ( , )fzu S  to approximate 

 as *u

ˆ ˆˆ ( , ) T
fzu S                       (10) 

where ˆ  is the estimated values of * . The control 
law for the developed adaptive fuzzy sliding-mode 
controller (AFSMC) is defined as the following form: 

ˆˆ ( , ) ( )fz compu u S u S                   (11) 
Energy efficiency in the velocity control  

The power consumption in the experiment of velocity 
control, as shown in the above paragraph, is discussed 
in this section. The overall electrical power 
supplied to the electro-hydraulic pump-controlled 
system is directly measured by the power quality 
recorder. The output power  of the controlled 
cylinder can be described as  

inP

outP

where the fuzzy controller ˆ fzu  is designed to 

approximate the controller  and the fuzzy 

sliding-mode compensation  is proposed to 

compensate the difference between the controller 

and fuzzy controller 

*u
compu

*u
ˆˆ ( , )fzu S . Through Eqs. (6), (7) 

and (11), the dynamic equation can be derived as: xFPout                (16) 
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Figure 3 Output forces in the experiments of velocity 
control for velocity target 90mm/s under 
loading force 30kN in VRSPCS and VDPCS
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Figure 2 Experimental results of velocity control for 
velocity target 90mm/s under loading force 
30kN in VRSPCS and VDPCS:(a) velocity 
control response (b) control error 

Table 2 Comparison of velocity control performance 
 for the velocity targets 90mm/s in VRPCS and VDPCS 

Targets VRSPCS VDPCS

Rising time tr

(10~90 ) 0.298 sec 0.375 sec 

Settling time ts
(e < 2%) 0.438 sec 0.654 sec 

Steady state 
error ess

0.31mm/s 
(0.34%) 

0.25mm/s 
(0.27%) 

Figure 4 Supply power and output power in the 
experiments of velocity control for velocity 
target 90mm/s under loading force 30kN in 
VRSPCS and VDPCS. 
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where F and  are the output force and velocity of the 
controlled cylinder respectively. The output force is 
directly measured by the load cell, as shown in Fig.3. 
The feedback velocity signals are generated by the 
digital differential of position signal measured by the 
linear encoder. The supply power Pin and the output 
power Pout for the velocity control of 90 mm/s in the 
VRSPCS and VDPCS are shown in Fig.4(a) and Fig.4 
(b) respectively. It is clear that the supply power is 
much less in the VRSPCS than in the VDPCS. The 
energy efficiency in the stead state can reach over 80% 
in the VRSPCS and can reach about 55% in the VDPCS, 
as shown in Fig.5. Consequently, the performance of 
high energy efficiency of the VRSPCS is evidenced. 

x

Figure 5 Energy efficiency in the experiments of 
velocity control for velocity target 90mm/s 
under loading force 30kN in VRSPCS and 
VDPCS.
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CONCLUSIONS 

1. This investigation developed a new electro-hydraulic 
pump-controlled system driven by the AC servo motor 
and axial piston pump for realizing velocity control with 
both high response and high energy-efficiency instead 
of the conventional variable displacement 
pump-controlled systems. For achieving better velocity 
control performance, adaptive fuzzy sliding-mode 
controller is used. The experimental results show that 
the VRSPCS realizes the performance of high response 
and little steady-state error. 

2. The comparison of the velocity control performance 
and the energy efficiency measured by the power 
quality recorder used to measure the electrical power 
consumed are implemented. The energy efficiency of 
the VRSPCS in the velocity control for velocity target 
90 mm/s under external loading force 30kN can 
achieves over 80%. It is evident that the VRSPCS 
realizes the performance of high energy efficiency. 
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ABSTRACT 

This paper deals with unsteady-state friction characteristics of a hydraulic actuator. Using a single rod hydraulic 
cylinder, friction characteristics are experimentally investigated under various conditions of velocity variation at 
different supply pressures. The friction force of the hydraulic cylinder is measured based on the equation of motion 
using measured values of the pressures in the cylinder chambers and the acceleration of the hydraulic piston. A method 
to identify dynamic parameters included in the modified LuGre model, which has been proposed by Yanada and 
Sekikawa, is proposed. Comparison between measured unsteady-state friction characteristics and those simulated by the 
modified LuGre model is conducted. It is shown that the unsteady-state friction characteristics simulated using the 
parameters identified agree with those obtained by experiments with a relatively good accuracy and that the proposed 
method to identify the dynamic parameters is appropriate. The effect of the supply pressure on the friction 
characteristics and the dynamic parameters are shown. 

KEY WORDS  

Hydraulic actuator, Unsteady friction, Mathematical model, Modified LuGre model, Parameter identification 

NOMENCLATURE 

Ai : piston area (i=1,2) 
a : acceleration 
Fc : Coulomb friction force 
Fr : friction force 

Frss: steady-state friction force 
Fs : maximum static friction force 
f : observer gain vector 
g : Stribeck function 
h : dimensionless unsteady-state lubricant film 

thickness 
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hss : dimensionless steady-state lubricant film thick- 
ness

Kf : proportional constant for lubricant film thickness 
m :  load mass 
n : exponent for Stribeck curve 
pi : pressure (i=1,2)
ps : supply pressure 
t : time 
td : dwell time 
u : control input (servo current) 
v : velocity 
vb : upper (for v>0) or lower (for v<0) limit of veloc- 

ity range where hss or h is varied 
vs : Stribeck velocity 
xp : piston position 
z : mean deflection of bristles 

0 stiffness of bristles 
1 micro-viscous friction coefficient for bristles 
2 viscous friction coefficient 
h : time constant for lubricant film dynamics 
hp : time constant for acceleration period 
hn : time constant for deceleration period 
h0 : time constant for dwell period 

INTRODUCTION 

Accurate modeling of static and dynamic characteristics 
of each fluid power component is very important to 
analyze the performance and/or dynamics of or to 
predict the behaviors of a fluid power system. Friction is 
always present in fluid power components having 
sliding parts and especially that of a fluid power 
actuator may have some undesirable influence on the 
performance of a fluid power system. Mathematical 
models to describe the steady-state friction 
characteristics have been proposed [1-3] and are widely 
used to analyze the steady-state characteristics of a fluid 
power actuator. However, those models are useless to 
predict dynamic behaviors of the actuator especially 
when the actuator repeats start/stop. 
The unsteady-state friction characteristics of a hydraulic 
motor has been examined by Yanada et al. [4] by 
varying the rotational speed sinusoidally in one 
direction in the negative resistance regime. It has been 
shown that the friction torque traces the steady-state 
friction torque-velocity curve, i.e., the Stribeck curve, at 
very low frequencies of the velocity variation, that the 
negative slope of the friction torque-velocity curve is 
decreased as the frequency of the velocity variation is 
increased, and that the negative slope becomes almost 
null at relatively high frequencies. 
Several mathematical models that describe the dynamic 
behaviors of friction have been proposed [5-9] and 
among them, the LuGre model [6] is most widely 
utilized. However, all the models proposed so far cannot 
simulate well the friction behaviors of a hydraulic motor 

in the sliding regime shown in [4]. Yanada and 
Sekikawa have made a modification to the LuGre model 
by incorporating lubricant film dynamics into the model 
and have shown that the proposed model, called the 
modified LuGre model, can simulate dynamic behaviors 
of friction observed with a hydraulic cylinder with a 
relatively good accuracy [10]. 
However, the dynamic parameters, 0, 1, h, included 
in the model were determined by trial and error. 
Regarding 0 and 1, methods to identify them have 
been proposed [11, 12] but those methods utilize some 
approximation that holds in the presliding regime. It is 
difficult for a hydraulic actuator to be operated in the 
presliding regime and, therefore, the methods proposed 
so far cannot be applied to hydraulic actuators. In 
addition, for the modified LuGre model, a new 
parameter, the time constant, h, is added. Some method 
to identify those parameters needs to be developed. 
In this paper, a method to identify the dynamic 
parameters is proposed. In addition, the effect of the 
supply pressure on the dynamic parameters is examined. 

EXPERIMENTAL APPARATUS AND METHOD 

Figure 1 shows a schema of the experimental apparatus 
used. A single rod hydraulic cylinder, of which stroke, 
internal diameter and piston rod diameter are 0.2m, 
0.032m and 0.018m, respectively, is used. The hydraulic 
cylinder is fixed horizontally on a surface plate. 
Sinusoidal or step signals are supplied to the servo 
amplifier through a 12 bit digital-to-analogue (D/A) 
converter and then the velocity of the hydraulic piston is 
varied almost sinusoidally or reaches a constant value 
corresponding to the input to the servo amplifier. The 
pressures, p1, p2, in the cylinder chambers and the 
acceleration, a, of the piston are measured using 
pressure transducers and an accelerometer, respectively 
and are read into the computer through amplifiers and a 
12 bit analogue-to-digital (A/D) converter. The piston 
velocity is measured using a tachogenerator by 
converting a linear motion of the piston to a rotational 
motion through a ball-screw (not shown in Fig.1). The 
friction force is obtained based on the equation of 
motion of the hydraulic piston as follows: 

maApApFr 2211         (1) 

Steady-state friction characteristics are obtained by 
supplying stepwise inputs with different magnitudes to 
the servo valve and by measuring the steady values of 
the pressures and velocity. In order to examine the effect 
of pressure on the friction characteristics, experiments 
are made at the supply pressures of 3, 5 and 7 MPa. The 
oil temperature was kept at 303±2 K. 
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Figure 1 Schema of experimental apparatus 

MODIFIED LUGRE MODEL 

The Stribeck function, g, was modified by incorporating 
a dimensionless lubricant film thickness parameter, h.
The modified LuGre model is given below. 

i) Equations corresponding to the LuGre model 
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ii) Lubricant film dynamics 
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iii) Steady-state friction characteristic 
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In the LuGre model, the absolute value of the velocity is 
usually used in the second term in Eq.(2). However, 
when assigning negative values to Fc, Fs and vs for 
negative velocity range, the symbol of the absolute 

value is not necessary. Letting h in Eq.(3) and hss in 
Eq.(9) be null leads to the LuGre model. The time 
constant shown by Eq.(6) usually takes the relation, 

0hhnhp .
All the parameters, except for 0 , 1 , h , included in 
Eqs.(2) to (9) can be determined from measured 
steady-state friction characteristics by using the least- 
squares method. However, the above three parameters 
were determined by trial and error in [10].  

PARAMETER IDENTIFICATION 

Identification of time constant, h
In this section, methods to identify the time constant of 
the lubricant film dynamics are described first. The 
value of the second term in Eq.(4) becomes almost null 
except for immediately after the start from rest and for 
immediately after velocity reversal. Therefore, except 
for immediately after start and velocity reversal, the 
relation, vhvgFr 2, , holds and the following 
equation is derived: 
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If the values of the friction force, Fr, and velocity, v, can 
be obtained in real time, the variation of the lubricant 
film thickness parameter, h, is calculated from Eq.(10). 
When the velocity is increased or decreased stepwise 
from a certain velocity, the film thickness parameter, h,
is expected to be varied approximately exponentially. 
The time constants, hp and hn can be obtained by 
curve-fitting a calculated variation of h with time using 
an exponential function. 
During dwell period, lubricant film thickness is 
decreased with time. The break-away force (maximum 
friction force observed immediately after start) observed 
at the subsequent start is expected to be larger when the 
dwell time is longer. Equation (11) is obtained by 
substituting 0v  into Eq.(10) and holds only for 
dwell period. However, assuming that Eq.(11) 
approximately holds also at start after dwell period and 
substituting the observed break-away force into Fr of 
Eq.(11), the calculated film thickness can be regarded as 
the film thickness immediately before the start.  

s

r

F
Fh 1             (11) 

The time constant, h0, for the dwell period can be 
identified by plotting the break-away force against the 
dwell time before the start. 
Identification of 0 and 1

The stiffness, 0, of the bristles strongly affects the 
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magnitude and rise time of the break-away force. A 
larger 0 yields a larger break-away force and a shorter 
rise time. The value of 0 can be identified by 
comparing the magnitude and rise time of the 
break-away force estimated by an observer with those 
obtained by simulation. The value of 1 can be 
determined by using the relation 01  [6]. 
Observer for friction force and velocity 

The friction force is obtained from Eq.(1). In order to 
measure unsteady-state friction force accurately, it is 
necessary to measure the pressures, acceleration and 
velocity. However, for the purpose of the identification 
of the parameters included in the modified LuGre model, 
the accelerometer and tachogenerator are not necessarily 
needed. The friction force and velocity can be estimated 
by an observer. A Luenberger type observer can be 
given by 
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In practice, Eq.(12) is discretized. 

RESULTS AND DISCUSSION 

Figure 2 shows the steady-state friction characteristics 
measured at the supply pressures of 3, 5 and 7 MPa. 
Positive velocity corresponds to the extending stroke of 
the piston and negative one to the retracting stroke. The 
friction force is increased with increasing supply 
pressure in the extending stroke (v>0) but is not varied 
so much in the retracting stroke (v<0). The static 
parameters, the parameters that describe the steady-state 
friction characteristics, were determined by the 
least-squares method. 
Figure 3 compares the measured piston velocity and 
friction force with the ones estimated by the observer, 
Eq.(12). As can be seen from Fig.3, the velocity and 
friction force are accurately estimated by the observer. 
The maximum friction force is observed immediately 
after the start of the motion and is called the break-away 
force. Maximum forces observed at and after the second 
cycle become smaller than the break-away force, as 
shown in Fig.3(b), because lubricant films are formed 
between sliding surfaces, which are mainly the piston 
packing/cylinder inner wall and the rod packing/piston 
rod. 
Figure 4 shows an example of the dimensionless film 
thickness obtained when the piston velocity was 

increased stepwise from rest to 0.016 m/s. As shown in 
Fig.4, the film thickness is increased with time and its 
variation can well be approximated by a first-order lag 
element, i.e., by Eq.(5). For the case of Fig.4, the time 
constant was identified as hp=0.29 s.  
An example of the variation of the film thickness under 
a stepwise decrease (from 0.015 to 0.003 m/s at t=3 s) in 
the velocity is shown in Fig.5. The film thickness is 
decreased significantly slowly compared with the case 
of velocity increase (Fig.4). By curve-fitting, the time 
constant was identified as hn=2.0 s for Fig.5. 
Such experiments as Figs.4 and 5 were done under 
various velocities and the time constants were identified 
in a similar way. 
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Figure 2 Steady-state friction characteristics 
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Figure 3 Comparison of measured velocity and friction 
force with estimated ones (ps=5MPa)
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Figure 4 Example of lubricant film thickness variation 
under stepwise increase in velocity 

(v=0 to 0.016 m/s, ps=5MPa) 
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Figure 5 Example of lubricant film thickness variation 
under stepwise decrease in velocity 
(v=0.015 to 0.003 m/s, ps=5MPa) 
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Figure 6 Film thickness variation during dwell period 
(ps=5MPa) 

Figure 6 shows the relation between the dwell time and 
the lubricant film thickness estimated by Eq.(11), into 
which measured break-away forces observed at starting 
after different dwell times are substituted. The 
break-away force was increased with the increase in the 
dwell time before starting and was saturated to a 
constant value. Therefore, the relation shown in Fig.6 
was obtained. Curve-fitting brings a time constant of 17 
s for dwell period for the case of Fig.6. 
Experiments were conducted at different supply 
pressures and the average time constants were obtained 
as shown in Table 1. All the time constants for 

accelerating, decelerating, and dwell periods are 
increased with increasing supply pressure. This 
indicates that the oil is to some degree hard to be taken 
into and to be squeezed out from the sliding surfaces at 
higher pressures. 

Table 1 Time constants at different supply pressures 

ps [MPa] hp [s] hn [s] h0 [s]
3 0.13 1.1 8.1 
5 0.28 1.8 17 
7 0.32 2.4 43 

The stiffness of the bristles was determined by 
comparing the break-away force and its rise time 
estimated by the observer with simulated ones. The 
simulation was done using MATLAB/Simulink and 
measured velocity wave forms were used as the input to 
the modified LuGre model. Experiments done under 
various conditions showed that the value of 0=108N/m 
is most appropriate and is not dependent on the supply 
pressure for the hydraulic cylinder used. The value of 1

was determined as the square root of 0, i.e., 1=104

Ns/m. 
Figures 7 and 8 show the comparison between measured 
unsteady-state friction characteristics and simulated 
ones using the modified LuGre model, in which the 
identified dynamic parameters as well as the static 
parameters (not shown) were used. The simulation 
predicts larger friction force immediately before stop 
than the experiment (Fig.8). However, comparisons 
under various conditions including Figs.7 and 8 showed 
that the simulation results agree relatively well with the 
measured results. This indicates the proposed method to 
identify the dynamic parameters is appropriate. 

CONCLUSION 

In this investigation, a method to identify the dynamic 
parameters of the modified LuGre model was proposed 
and was applied to a hydraulic cylinder. In addition, the 
effect of the supply pressure on the unsteady-state 
friction characteristics was examined. Simulation results 
agreed relatively well with measured results. It has been 
demonstrated that the proposed identification method is 
appropriate. In addition, it has been shown that the time 
constant of the lubricant film dynamics is increased with 
increasing supply pressure and that the stiffness of 
bristles does not depend on the supply pressure. 
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ABSTRACT 

The main source of vibration and noise in hydraulic systems is the flow ripple at the pump output which interacts with 
the downstream components and generates pressure ripple in the current, structureborne noise in mechanical parts and 
airborne noise in the environment. The present research was suggested by the observation that some peaks in the air-
borne noise spectrum of a specific pump family were within a frequency range far from those typically related with the 
fluidborne or structureborne noise; unfortunately, in that range the human ear does not filter the noise efficiently. 
In general, the investigation of the interaction between fluidborne noise and structurebornenoise can be carried through 
both “macro-analysis” techniques (sound emission analysis, pressure ripple measurement, modal analysis, etc.) and 
“micro-analysis” techniques (contact mechanics of gears, performance of the bearing system, etc.). The present research 
started from a “macro” approach inclusive of the modal analysis of a gear pump, the measurement of its pressure ripple 
and its acoustic mapping though the sound intensity technique. Currently, the focus is on the “micro” approach and spe-
cially on the investigation of the elasto-hydrodynamic bearing performance in view of deriving the influence of the 
bearing geometry on the overall structureborne noise. 

KEY WORDS  

Journal bearing, Modal analysis, Sound intensity analysis, Structureborne noise. 

NOMENCLATURE 

a: acceleration

b: adimensional ratio, 
0

b

bii: damping coefficient
Bii: dimensionless damping coefficient 
c: radial clearance 
f(t) : function of time 
Fn : generic harmonic function 
Fm : mean value of f(t) 
F(  : Fourier transform of f(t)
Gxx (f): auto-spectrum of input signal 
Gyy (f): auto-spectrum of output signal 
Gxy (f): cross-spectrum of signal 

h : damping adimensional ratio, 
cr
rh

H(  : Harmonic Transfer Function 
kii: stiffness coefficient
Kii: dimensionless stiffness coefficient
m : deflected mass 
ma : shaft mass 
M : pump mass 
rc : critical dumping 
t : time 
v: velocity 

x  : acceleration  

X  : acceleration of pump mass 
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wr : resultant load 
n : phase difference 
 : natural frequency 

b : angular velocity 
xy : coherence function 

l : angle between y axis and resultant load 
 : angle velocity 

INTRODUCTION 

The external gear pumps seem to be the assembly of 
few and relatively simple mechanical parts. In spite of 
that, the design and analysis of such units is far from 
being simple, because more functional roles are asso-
ciated with the individual parts, and consequently the 
overall behavior is the complex combination of multiple 
effects. Conversely, the piston units have more mechan-
ical parts, but it’s easier to associate a specific issue to a 
specific pump element, e.g. the pressure ripple to the 
kidney port or the flexural vibration to the swashplate. 
The origin of the present research can be traced back to 
the analysis of the sound pressure spectrum (Figure 1) 
of a 12 teeth external gear pump (at different speed and 
pressure levels): in fact, high noise levels were found in 
a frequency range (1 – 2 kHz) which is rather distant 
from the dominant frequencies due to the pressure ripple 
(i.e. 200 - 600 Hz for a pump running at 1000 rpm). The 
idea of find the cause of this results brought to investi-
gate the structurebornenoise of the pump and imple-
ments two different methods of study: 
1) firstly, a number of techniques were applied at the 
“macro” level, i.e. sound analysis, pressure ripple mea-
surement and modal analysis. The aim was to investi-
gate whether the peaks were originated by a structure-
borne noise source due to the interaction between pres-
sure ripple and pump structural members; 
2) secondly, an analysis at the “micro” level was at-
tempted, focused on a component not much studied by 
the scholars in this perspective: the journal bearing. 

STRUCTUREBORNE NOISE MECHANICS 

The pump structureborne noise is important for the 
same reason why the fluidborne noise is important: it 
causes other machine structural elements to vibrate and 
radiate airborne noise [1]. It is caused by all pump 
structural vibration modes, including those that don’t 
produce sound, and is transmitted by bending or tor-
sional vibrations or by compression or shear waves that 
travel through solids like sound waves travel through 
air. 
Often the structureborne noise has 1000 times the ener-
gy of the pump airborne noise. By converting only a 
fraction of 1% of the pump structure-born noise into 
sound, a single responsive part can radiate more air-
borne noise than the whole pump if such a part is a good 

sound radiator. 

Figure 1 Spectrum of sound pressure level (A weighted) 
of a 12 teeth external gear pump (1000rpm; 180bar)  

Most of the structureborne noise is due to the mechan-
ism shown schematically in Figure 2. The small mass m
is a part of the pump subject to the internal pumping 
forces which cause a movement relative to the rest of 
the pump mass M (e.g. the oscillation of the shaft in its 
bearing). The Newton’s second law states that the center 
of the total pump mass must remain stationary unless 
affected by external forces, the mass M and the mass m
must move in opposite directions to compensate and 
maintain the center of the total mass stationary. Since 
the center of gravity does not move, the larger mass M
moves a fraction of the distance covered by the mass m
relative to the center of gravity, as stated in Eq. (1) 

MX

xm

Figure 2 Basic structureborne noise mechanism 

   
M
mxX                (1) 

The imbalance of rotating parts has a similar noise po-
tential. Though most of these parts are fully machined, 
they can work as sources of structureborne noise be-
cause the pressure imbalance works on the pump gears. 
The structureborne noise is not easy to detect, because 
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the original vibration can be in one point of the fluid 
power plant (e.g. the pump) and then propagate through 
the circuit until it reaches a good emitter which converts 
the mechanical energy into acoustic energy, i.e. noise. In 
practice noise occurs when the energy of a vibrating 
structure is converted into pressure waves which propa-
gate in air. So, vibration and noise are strictly related 
especially when resonance takes place, i.e. when the 
exiting forces work at the natural frequencies (or modal 
frequencies) of a structure. 

Figure 3 Noise sources in a fluid power pump: ABN 
(Airborne Noise); FBN (Fluidborne Noise); SBN 

(Structureborne Noise)  

HARMONIC TRANSFER FUNCTION 

By mean of the Fourier analysis [3] it is possible to ex-
press the cyclic forces as linear combinations of har-
monic functions with frequencies that are integer mul-
tiples of a fundamental frequency 

       (2)
1

00 cos)( nnm tnFFtf

Using the linear superimposition principle, the response 
of a linear system subject to a periodic force can be ex-
pressed as the combination of the responses to the har-
monic components Fn (t) of the exiting force (the re-
sponse to a harmonic force is usually defined harmonic 
transfer function). If the force f(t) is not periodic, its 
Fourier transform is to be used, as defined in Eq. (3) 

detfF ti)(
2
1)(    (3) 

The behavior of a system subject to a generic force can 
be described by means of the typical “control” approach. 
From this point of view the force is the input signal and 
the vibration is the output signal: the vibrating system is 
a “black box” that receives a generic force f( ) as input 

and gives the displacement  x( ) as output (Figure 4). 

   
f( ) x( )Harmonic

Transfer Function 

Figure 4 Harmonic Transfer Function definition 

The “black box” behavior is fully described by the har-
monic transfer function, as shown in Eq. (4) 

)()()( FHX p
   (4) 

The results provided by the harmonic transfer function 
depend on the numerator selected [3] [4]: displacement, 
velocity or acceleration. Three typical forms of the re-
sults provided are:  

ci
(5) 

mkF
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1Compliance

)(Mobility 2 hi
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F
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  eAcceleranc

2

2

2

h
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MODAL ANALYSIS OF GEAR PUMPS 

The modal analysis of the pump was performed by us-
ing an impact hammer as input excitation and the pump 
body reaction as output response: the complex ratio of 
the two is the harmonic transfer function. The accelera-
tions were measured in different positions: on the suc-
tion, output and upper face, and on the back cover. The 
accelerometer was kept in a fixed position while the 
hammer hit the case: (a) firstly in the same position; (b) 
secondly, in all other positions. Once a series of mea-
surements were completed, the accelerometer was 
moved and the measurements started again. In Figure 5, 
the spectrum, phase and accelerance of the pump body 
in one of the different configuration are shown. 
The modal analysis proves the presence of a strong re-
sonance frequency in the range of 5 – 7 kHz, clearly far 
from the peaks found in the range of 1 – 2 kHz, then, as 
first partial conclusion it can be state: that the noise 
produced in this range of frequencies probably is not 
caused by a pump’s body resonance. 

suction 

delivery
pump 

motor 
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Figure 5 Harmonic transfer function:  
Spectrum, accelerance and phase vs frequency 

FLUID- AND AIRBORNE NOISE INTERACTION 

By mean of the harmonic transfer function it is possible 
to investigate the interactions between the fluidborne 
and the structureborne noise, by using the pressure rip-
ple signal as input and the acceleration of the pump 
body as output signal. The mathematical tool useful to 
check the reliability of such a relationship is the cohe-
rence function defined in Eq. (8). If this function is 
close to one, the output signal is substantially caused by 
the input signal; conversely, if the function is close to 
zero, the two signals are not related or linked by a 
cause/effect mechanism 
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)(
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2

2 f
fGfG
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f xy

yyxx

yx
xy   (8)

From this point of view, a possible correlation between 
the airborne, fluidborne and structureborne noise was 
investigated. A series of measurements of pressure rip-
ple and acceleration were performed at various pressure 
levels, at various running speed. The coherence function 
between acceleration and pressure ripple was computed 
to check the interaction between the fluidborne and the 
airborne noise. The mathematical coherence function 
proves the absolute deficiency of the physical coherence 
between the two signals in the range 1 – 2 kHz, because 
the pressure ripple is practically absent above 1kHz, as 
shown in Figure 6. So, as second partial conclusion, the 
noise frequency peaks is not due to the interaction be-
tween fluidborne and structureborne noise. 

Figure 6 Pressure ripple (1000 rpm, 180 bar)  

JOURNAL BEARING ANALYSIS 

Finally, an acoustic analysis was carried out by means 
of the intensimetry measurement technique – a much 
more accurate method to describe the acoustic field if 
compared with the sound pressure measurements - and 
its results were compared with the acceleration mea-
surements on the pump body. 
The sound intensity analysis gave the opportunity to 
verify that the suction side of the pump body surface 
emits most of the sound power of the pump. For our 
purposes, however, the best pieces of information were 
provided by comparing the acceleration and sound 
power plots. 
The spectrum of Figure 7 confirms the presence of two 
peaks centered at 315 Hz and 630 Hz, due to pressure 
ripple, but at the same time the sound power peak in the 
band centered at 2 kHz is of unknown origin. 
In fact Figure 8 shows some peaks of the acceleration 
plot. A more accurate analysis of the acceleration data, 
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in the range 1.6 – 2.0 kHz (Figure 9), discovers two 
lateral bands spaced from the principal one, centered at 
1.8 kHz, by a regular interval of 25 Hz, just the same as 
the shaft revolution frequency.  

Figure 7 Sound power (1500 rpm, 180 bar) 

Figure 8 Spectrum of acceleration (1500 rpm, 180 bar) 

On the basis of the journal bearing theory [2], it is 
possible to draw the conclusion that, being the band on 
the right higher than the other one, an eccentric opera-
tion of the shaft could be the origin of the airborne noise 
peaks.
The eccentricity is a normal operating condition of a 
shaft supported by a journal bearing (like an external 
gear pump), but it becomes critical from the structure-
borne noise viewpoint if the bearing works in an unsta-
ble configuration. 
The problem can be studied by applying the fluid film 
lubrication theory to a shaft of mass 2ma supported by 
two identical well-aligned journal bearings. 
Let the load be stationary, wr= wx,0 and l = 0; then the 
linearized equation of the journal bearing is: 
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Figure 9 Spectrum of acceleration (1500 rpm, 180 bar) 

The stiffness and damping coefficients can be made 
dimensionless through the following equations: 
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The substitution the Eqs. (13) and (14) into Eq. (12) 
gives: 
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The solution to Eq. (15) is of the form  
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The substituting Eq. (16) into Eq. (12) gives 
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Thus the solution 

CONCLUSIONS 
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a   (19) 
A study on structureborne noise in hydraulic external 
gear pump was carried out starting from the discovery 
of a high sound pressure level in a frequency range (1 – 
2 kHz) which is far from those typically related with the 
fluidborne noise. A series of experiments were planned 
and evaluated: 

is an eigenvalue problem stating that, if the system 
should dislodge itself from the steady-state position, a 
transient vibration would result although the external 
load be constant. 

a modal analysis was used to derive the reson-
ance frequencies of the pump body. Occurring in the 
range of 5 – 7 kHz, they are definitely far from the 
range of interest; 

When the load is very high (as in the case of a hydraulic 
pump) the lubrication’s regime (viscous-elastic) could 
be influenced by two mayor physical effects: the elastic 
deformation of the walls and the increase in fluid vis-
cosity with pressure. The lubricating regime could be 
studied by mean of tree dimensionless parameters : 

the interaction between the fluidborne and struc-
tureborne noise was checked by applying the stan-
dard coherence function. The result was an absolute 
lack of coherence between the two signals in the 
range 1 – 2 kHz, because the pressure ripple is prac-
tically absent above 1kHz; 2

ˆ
U
WHH e

 film thickness parameter      (20) 
finally the attention was focused on the journal 

bearings of the wheeled gears. Analyzing the acce-
leration spectra were find the presence of the two 
lateral bands spaced from the principal by a regular 
interval of 25 Hz, equal to the frequency of revolu-
tion. The journal bearing theory suggests that an ec-
centric operation of shaft could be responsible of the 
noise peaks in the range of 1 – 2 kHz. The same 
theory is useful to propose alternative bearing con-
figurations to reduce the shaft unbalance. 
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 viscosity parameter              (21) 
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 elasticity parameter              (22) 

These parameter could be used to compute the dimen-
sionless minimum film thickness: 

The work under development now is focused on the 
experimental analysis – and hopefully validation - of a 
few newly designed journal bearings. 

k
e eWGUH 68.0073.049.068.0

min, 163.3ˆ      (23) 

To reduce the instability, which is found particularly in 
the cylindrical journal bearing, a lot of efforts have been 
spent , but a universal solution is still (and far) to come. 
Since for some applications, new internal profiles have 
been proposed (Figure 10), some similar design options 
are under evaluation to check if the journal bearings are 
the true sources of the anomalous noise levels. 
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ABSTRACT 

Noise is a well-known challenge in hydraulic systems and hydrostatic pumps are one of the largest noise contributors in 
a hydraulic system. The existing noise reduction features, such as pressure relief groove and pre-compression filter 
volume, are more or less dependent on the working condition. It is essential to know the amount of free air when 
designing a quiet pump; however, it is not evident how much free air the oil contains. The free air content is different if 
the suction port is boost pressured or self-priming. The amount of free air in a well-designed system can be as low as 
0.5% while in others up to 10%. 
This paper uses the three-transducer method to measure the amount of free air in the oil. The oil's compressibility can be 
measured for different working conditions and the free air content can then be calculated. The pre-study is performed 
with an extensive simulation model. Various noise reduction features' sensitivity to free air content is considered. 

KEY WORDS  

Air release, noise, flow pulsation, hydraulic pump, measurement 

NOMENCLATURE 

a : Wave propagation velocity [m/s] 
E : Modulus of elasticity [Pa] 
i : Imaginary unit, 1  [-] 
J0 : Bessel function of order 0 [-] 
J2 : Bessel function of order 2 [-] 
L : Length [m] 
N : Viscous friction factor [-] 
n : Harmonic number [-] 
P:  Pressure [Pa] 
P0: Reference pressure [Pa] 
Pl: Inlet pressure [Pa] 
Ps: Discharge pressure [Pa] 

Pv : Pressure at air measurement device [Pa] 
Q : Flow [m3/s]
r : Radius [m] 
s : Laplace operator, s=i  [s-1]
T : Temperature [°C] 
t : Wall thickness [m] 
x0 : Volume fraction of free air at p0 [-] 
xl : Volume fraction of free air at pl [-] 
ZC : Characteristic impedance of the pipe [Ns/m5]
Z : Impedance [Ns/m5]

e : Effective bulk modulus [Pa]
f : Effective fluid bulk modulus [Pa]
oil: Fluid bulk modulus [Pa]
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 : Fluid density [kg/m3]
 : Polytrophic exponent [-] 
 : Frequency [rad/s] 
 : Kinematic viscosity [m2/s]

Subscripts 

i : Downstream of j [-] 
j : Upstream of i [-] 

INTRODUCTION 

Noise is a well-known challenge in hydraulic systems 
and hydrostatic pumps are one of the largest noise 
contributors in a hydraulic system. The existing noise 
reduction features, such as pressure relief groove and 
pre-compression filter volume (PCFV), are more or less 
dependent on the working condition. Rotational speed 
and pressure variations are the most commonly 
discussed drive conditions when flow pulsations are 
considered. Another, less extensively discussed, 
changing condition is the amount of free air in the oil. 
The released air from the oil contributes a change in the 
effective bulk modulus which has an impact on the flow 
pulsation created in the machine. 
A machine works with large pressure differences 
between the inlet and discharge ports; the fluid 
properties are therefore not constant. This is principally 
true of the bulk modulus. In particular, the bulk modulus 
decreases considerably if the oil contains air bubbles. 
When the pressure drops below the current saturation 
pressure level, air is released from the oil and forms air 
bubbles. The saturation pressure level is not only a fluid 
parameter but is dependent on the system configuration 
[1]. Most hydraulic systems are saturated at atmospheric 
pressure which is at about 1 bar; at this pressure level 
the oil can dissolve up to 10% volume fraction of air. 
The air bubbles not only cause a decrease in the bulk 
modulus, whereby the flow pulsation increases and the 
efficiency decreases, but also cavitational erosion 
damage to the surrounding walls when the pressure 
increases and the released air bubbles collapse. The 
collapse of the bubbles also causes a broadband 
spectrum of noise. 
The pressure in a hydraulic pump can fall below the 
saturation pressure level in different ways; when the 
valve plate is designed with an exaggerated 
decompression zone or if the inlet kidney closes 
prematurely, whereby the cylinder tries to suck fluid 
before it is connected to the inlet port kidney. Another is 
a result of the jet beam which is created when the valve 
plate’s pre-compression and decompression are 
insufficient. In this way, substantial high velocity flow 
pulses are created with and thereby also high dynamic 
pressure and low static pressure levels. Air bubbles are 
created and are drawn into the cylinder and have a direct 
effect on the oil properties at the discharge port. 
The third reason for air release in hydraulic pumps is the 

suction port design. When the inlet port is self-priming, 
the pressure may decreases when the speed increases 
and causes a deficiency in fluid in the suction port. Also, 
when the pressure falls below the saturation pressure 
level the effective flow decreases due insufficient filling 
of the cylinders. If the suction port is boost pressurised 
the insufficient filling problem does not appears. 
It is difficult to predict the amount of free air in a pump, 
since the inlet pressure can differ from one installation 
to another. The amount of free air in a well-designed 
system can be as low as 0.5% while in others up to 10%. 
It is essential to know the amount of free air when 
designing a quiet pump; however, it is not evident how 
much free air the oil contains. 
This paper considers different noise reduction features’ 
sensitivity to the quantity of free air right at the entrance 
to the pump. Moreover, the three-microphone method is 
used to predict the quantity of free air in the suction 
port. 

SIMULATION MODEL 

Rotational speed and pressure variations are the most 
commonly discussed drive conditions when flow 
pulsations are considered. However, the amount of air 
released from the oil is significant when designing a 
quiet machine. 
The most common noise reduction features are more or 
less air content dependent. The features considered in a 
simulation model are pre- and decompression angles, 
pressure relief groove [2], and pre-compression filter 
volume [3]. 
Simulation techniques are valuable tools in the early 
stages of the development process. Different simulation 
models exist for predicting flow ripple in hydrostatic 
pumps. In this study, a comprehensive simulation model 
is created in the simulation program HOPSAN, [4] 
developed at Linkoping University. HOPSAN is used 
mainly for hydraulic simulations. 
The pump model is composed of the number of 
cylinders in the pump and every cylinder is connected to 
two orifices. The orifices represent the opening between 
the suction port and the discharge port and the logic of 
the opening of these orifices allows simulation of 
different noise reduction features as pressure relief 
groove and pre- and decompression angles. Also, 
additional orifices and volumes can be added to 
simulate other features like pre-compression filter 
volume. 
The model includes a large number of different states 
that express the detailed behaviour of the machine. 
However, the character that is considered in this study is 
flow pulsation in discharge port. 
The fluid properties are not constant during operation. It 
is chiefly the bulk modulus that varies due to the large 
pressure differences between discharge and inlet port 
and also the amount of free air in the oil. In the 
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simulation model, the free air content is modelled with 
the tangent value according to Eq. (1). 
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x0 is the volume fraction of free air in the oil at 
reference pressure p0. oil is the bulk modulus for oil 
free from air bubbles. The pressure oscillations can be 
assumed to be an adiabatic process and at normal 
hydraulic pressure levels, a realistic polytrophic 
exponent is about 1.8. The model of the free air content 
is valid for x0  0.1. 
Simulation results are, however, of little practical use 
before they are experimentally verified. The 
comprehensive simulation model has been extensively 
verified on previous occasions with the two-microphone 
method [5]. 

MEASUREMENT OF THE BULK MODULUS 

There are different methods of measuring the effective 
bulk modulus in the high pressure line after the pump; 
see [6] for a comparison of different methods. The three 
transducer method is used in this paper and is presented 
in [7]. The method was used in [8] to test different 
designs of decompression zones. 
The method is based on the pressure waves’ propagation 
in a well defined rigid pipe. The pressure waves are 
created by the pump in this work. The bulk modulus is 
calculated indirectly by the measured speed of sound in 
the measurement pipe. 
The point impedance can be calculated at all three 
transducers along the measurement pipe by using the 
four pole matrix, see for instance [9]. Equations (2) and 
(3) show the impedance equations where index i is the 
location upstream of index j.
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Using three pressure transducers, index 1-3, separated 
by lengths L12 and L23 and with a total length of L13, the 
point impedance at every transducer can be determined 
in two ways. 
For instance the point impedance at the second 

transducer can be determined by using Eq. (2) with 
pressure P2 (i=2) and pressure P3 (j=3) and by using 
Eq. (3) with pressure P1 (i=1) and P2 (j=2). In the same 
way, point impedance at transducer 1 and 3 can be 
obtained. If the three point impedance is eliminated and 
the angle-sum relation of the hyperbolic function is used 
Eq. (4) - (6) are obtained. A clarifying picture of the 
notation is shown in Figure 1. 
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Figure 1 Illustration of the test system. 

All three equations ((4)- (6)) are equal and can easily be 
realised by multiplying Eq (4) with P1, Eq (5) with P2,
and Eq (6) with P3 which gives Eq. (7). 
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Only the pump piston harmonics of the pressure spectra 
are used and therefore Eq. (7) can not be solved exactly 
to zero. Instead a numerical optimisation algorithm is 
used to find the wave propagation speed that minimises 
the left hand side for every harmonic, n. The objective 
function is formulated as the least square sum according 
to Eq. (8). 

2

1

n

nF (8)

The complex algorithm [10] is used to solve the 
minimisation problem of F; the algorithm is well suited 
for the problem and gives fast and repeatable 
convergence.  
Normally, the density can be assumed to be constant and 
together with the measured wave speed the effective 
bulk modulus is calculated according to Eq. (9). 

2ae
(9)

The main problem with this technique is considered to 
be that if not all the frequency spectra of pressure are 
treated, truncation errors can appear. The measurements 
carried out in this article are reliable up to about 
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3000 Hz, which implies that only a few harmonics are 
considered in high speed measurements. This can be 
seen as small differences in the speed of sound between 
different dynamic loads at the same stationary pressure. 

CALCULATION OF FREE AIR 

The effective bulk modulus includes both the 
compressibility of the fluid and the wall elasticity. A 
model for this is considered according to Eq. (10). 

tE
r

f

e

2
1

1
(10) 

where e is the effective bulk modulus and f  is the 
effective fluid bulk modulus. If free air has been 
released in the oil, the effective fluid bulk modulus is 
affected and can be modelled as Eq. (11). 
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x0 represents the volume fraction of free air at the 
reference pressure p0. Equation (11) is actually the same 
as Eq. (1) considered in the simulation model except 
that in the measurement the elasticity of the 
measurement pipe is also considered. 
The volume fraction of free air at the pressure level p is 
determined as 
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p
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The measurement and calculation of the quantity of 
released air is approximately due to uncertainties 
regarding how the air is released from the oil. The air 
release and the re-saturation take some time and it is not 
obvious how much of the air is resolved back into the 
oil during the pressurisation in the machine. 

TEST SET-UP 

Figure 2 Picture on the test set-up. A is the test pump, B 
the inlet pressure manometer, and C the measurement 
pipe with three pressure transducers. 

The complete test set-up is shown in Figure 2. The test 
pump is a 40 cm3/rev bent-axis piston pump with seven 

pistons. The tank is located approximately 2 m above 
the test pump; at very low pump speeds the suction port 
pressure is therefore about 1.2 bar. The suction port is 
fairly small and not boost pressured and the pressure is 
therefore well below atmospheric pressure at higher 
speeds; see the results section for exact data. The tank 
volume is about 1 m3 and the fluid’s theoretical 
circulation time is about 15 minutes at 2000 rpm, which 
is sufficient to dissolve the air bubbles created anywhere 
in the circuit. 
Three dynamic piezoelectric pressure transducers are 
located at the measurement pipe to enable measurement 
of the air content and also the pressure pulsation at the 
discharge port. The static pressure is measured at the 
suction port and discharge port. The suction port’s 
manometer is placed right at the pump flange. The 
pump’s inlet channel has equal cross section area from 
the pump flange to the valve plate and should not give 
any major differences in the pressure level from the 
measured pressure to the valve plate. The temperature is 
measured to maintain a constant temperature throughout 
the measurements. 

RESULTS 

The simulation results with different features’ sensitivity 
to free air in the oil are presented first, followed by the 
measurement results. 
Simulation results 

The amplitude of the flow pulsations is dependent on 
the fraction of free are and also the inlet pressure. 
Figure 3 shows how the amplitude of the discharge flow 
pulsations alter when the fraction of free air varies from 
0 to 5.25 % and Figure 4 how the inlet pressure varies 
from 0.4 bar up to 10 bar. The discharge flow pulsation 
is calculated according to Eq. (13). 
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Figure 3 Different noise reduction features’ robustness 
to volume fraction of air, x0 at inlet pressure 1 bar. The 
solid line represents simulation for a zero-lapped valve 
plate, the dotted line pre-compression angle, the dashed 
line PCFV, and the dashed/dotted line pressure relief 
groove. 
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Figure 4 Different noise reduction features’ robustness 
to inlet pressure at x0=1 %. The solid line represents 
simulation for a zero-lapped valve plate, the dotted line 
pre-compression angle, the dashed line PCFV, and the 
dashed/dotted line pressure relief groove. 

The solid line shows a zero-lapped valve plate and as 
can be seen in Figure 3 an increase in the quantity of 
free air increases the amplitude of the flow ripple. Boost 
pressure, Figure 4, also reduces the inlet pressure 
compared to a self-priming pump.  
Figure 3 and Figure 4 show also how robust different 
common noise reduction features are to variations in air 
content and inlet pressure in the discharge kidney. 
The valve plates with pre-compression filter volume, 
pressure relief groove, and pre-compression angle are 
optimised for x0 = [0, 1, and 5 %] at an inlet pressure of 
1 bar. The objective function is the flow pulsation 
amplitude in the discharge kidney. The pressure is never 
allowed to fall below 0.3 bar in the optimisation. 
The pressure relief groove and pre-compression filter 
volume is equal sensitive to different volume quantities 
of free air and inlet pressure. Both pressure relief groove 
and pre-compression filter volume gives lower 
amplitude of discharge flow pulsation than 
pre-compression angle, due the fact that the feature 
increases the possibilities to avoid cavitation, which is a 
constraint in the optimisation. 
The behaviour of the flow pulsations in the inlet 
pressure port is the same as for the discharge pressure 
port. 
Measurement results 

Speed pt
[bar] 

a
[m/s]

e
[MPa]

x0
[%]

xl
[%] 

900 0.95 1455 1841 1.02 1.05 
1100 0.9 1454 1838 1.05 1.11 
1200 0.86 1453 1837 1.06 1.16 
1400 0.76 1450 1829 1.19 1.36 
1500 0.74 1447 1815 1.34 1.59 
1600 0.70 1443 1835 1.39 1.69 
1700 0.62 1437 1797 1.58 2.06 
1800 0.58 1437 1785 1.73 2.33 
Table 1 Sound speed measurement with the 
three-transducer method. The bulk modulus, the fraction 
of free air at atmospheric pressure, and the suction port 
pressure are calculated from Eq. (9)-(12). 

Measurements of the air content are performed at 
different rotational speeds at 150 bar and 30°C. Table 1 
shows the measurement values when a zero lapped 
valve plate is used. 
The wave propagation velocity, a, is a mean value of 
two different load cases. The divergence between the 
load settings measurement is approximately 2 %. 
However, the results give a reliable trend as can be seen 
more clearly in Figure 5. 
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Figure 5 The trend of the volume fraction of released air 
to the left and inlet pressure to the right when rotational 
speed increases. Crosses are measurements and solid 
lines are quadratic equations which are adjusted to the 
measurements. 

The released air increases from 1.02 % to about 1.7 % at 
atmospheric pressure when the inlet pressure goes from 
0.95 bar to 0.58 bar. Provided that no air is created from 
the inlet port to the measurement pipe the inlet air 
content can be calculated with Eq. (12) which is shown 
in very right column of Table 1. 
When the pressure varies, the measured fraction of free 
air also differs. The fraction of free air increases when 
the pressure increases, as can be seen in Figure 6. The 
figure shows measurements with two different valve 
plates. Crosses represent measurements with a zero 
lapped valve plate and stars a pre-compression angled 
valve plate. The pre-compression is optimal for a 
discharge pressure of approximately 60 bar. 
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Figure 6 Volume fraction of air at different pressures 
and valve plate designs. Crosses are with a zero-lapped 
valve plate while the stars are with a valve plate with 
pre-compression angle. 

DISCUSSION AND CONCLUSION 

The simulation results in the paper show some features’ 
robustness to air quantities and inlet pressure. 
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Implementing a pressure relief groove or a 
pre-compression filter volume reduces the sensitivity of 
air content and suction pressure. 
The volume fraction of air increases when the speed 
increases. The main reason for this is probably that the 
inlet pressure decreases when the speed increases. The 
filling and emptying speed of the cylinder also increases 
and the air release can then be delayed which decreases 
the fraction of air in the oil. 
The quantity of released air increases when the 
discharge pressure increases. The probable cause of this 
is the jet-beam that is created when the pre-compression 
is insufficient. The same theory may also be a plausible 
reason why the pre-compression valve plate creates 
somewhat less free air than for a zero-lapped valve 
plate.
All the measurement results show a good picture of the 
tendency, but the absolute values are less reliable due to 
uncertainties as regards some parameters. 
The paper shows that the valve plate is likely to have an 
impact on the fraction of free air in the measurement 
pipe and therefore it is not probable to measure the 
outlet bulk modulus and predict the fraction of free air 
in the suction line. The amount of free air should 
therefore be measured at the inlet to the pump and be 
compared to the free air content at the discharge port. In 
this way, the amount of free air created inside the pump 
can be determined. Further investigation is needed to 
decide where the air bubbles are created inside the 
pump, at the discharge port or suction port. 

OUTLOOK

Due to the uncertainties as regards the oil properties and 
the air release behaviour, the results for the quantity of 
released air are rather approximate. In addition, it is 
interesting to separate all the air release creating places 
inside and around the machine. The bulk modulus and 
thus the volume fraction of air that enters the suction 
port of the pump should be measured at the suction port. 
Together with the fraction of free air in the discharge 
port, the free air created inside the pump can be 
determined. 

M

Pv

T Pt P1

Figure 7 Illustration of the test set-up for measurement 
of the bulk modulus at the inlet port. 

The suction port air content can be measured with a 
device similar to the piece of equipment used in [11]. A 
rough illustration of the projected test set-up is shown in 
Figure 7. 
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ABSTRACT 

Remote control of hydraulic mobile machines is often used because of safety issues. In addition to safety, remote 
control can be used to improve working efficiency and usability of the machine. A prototype of a hand-held remote 
control is designed to be used as a user interface of a mobile machine with an excavator while the machine is controlled 
remotely over short-range. 
Since the remote control is designed to be used over short-range it provides congruent visual and voice feedback with 
the ordinary onboard user interface. In order to improve the feel of control an assisting force feedback function is 
implemented. The load of the machine is measured with a pressure transmitter. When the load tends to certain level 
information is provided to the operator. The idea is to inform the operator about the high load and possible power 
limitations, not to provide proportional force feedback. 
Implementation of the system is introduced in this paper. The system is tested under real circumstances by using the 
excavator. Behaviour of the system during an excavation cycle is represented. 

KEY WORDS  

Remote control, Force feedback, Mobile machine, Excavator 

NOMENCLATURE 

CAN : Controller Area Network 
CRC : Cyclic Redundancy Check 
DSP : Digital Signal Processor 
FET : Field-Effect Transistor 
I/O  : Input/Output 
LCD : Liquid Crystal Display 
LED : Light Emitting Diode 
LS  : Load-Sensing 
RF  : Radio Frequency 

INTRODUCTION 

Hydraulic mobile machines often work in dangerous or 
uncomfortable conditions. Protecting the operator of the 
machine against the environment may be difficult or 
expensive. For instance, damping the vibrations of the 
cab may increase the costs substantially. In some cases, 
using short-range remote control of the machine is an 
easier, better, and more cost effective way to carry out 
the task. Moreover, in some cases controlling the 
machine is more effortless for the operator when one 
can have a different view of the situation, not only the 
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view from the cabin. [1] 
In short-range remote control feedback is based on 
visual perception. Since expensive cameras are not 
needed short-range remote control is cost effective to be 
implemented and it can therefore be used also as an 
accessory feature with low cost machines. [2] 
Several commercial remote controls for hydraulic 
mobile machines can be found on the market nowadays. 
In general terms the appearance of those commercial 
remote controls is quite similar. The enclosure of the 
remote control is relatively large and it is often 
supported with a strap behind the neck. The user 
interface is custom-made. Number of joysticks (usually 
no more than two), buttons, and switches depend on the 
application. Feedback for the operator is provided with 
LEDs and in some cases with an LCD panel. Wireless 
connection is implemented by exploiting frequency 
bands which are exempt from licensing. 

Figure 1 MC-3-6 remote control by Cavotec 
Micro-control [3] 

Lack of force feedback is often considered to be the 
biggest disadvantage of remote control. It is often said 
that controllability of the machine is getting worse while 
using remote control since the operator can not feel the 
load of the machine. However, if the traditional onboard 
user interface of the hydraulic mobile machine is 
considered force feedback joysticks are not utilized in 
the cab. The joysticks are insensitive to the load of the 
machine. Feedback of the load is actually based on 
secondary feelings such as the vibrations of the machine 
and engine sound. On the grounds of these secondary 
perceptions a human being automatically visualizes the 
load level. If similar feelings can be provided while 
using remote control usability and controllability may 
be improved. Commercial solutions do not provide this 
feature. 
A prototype of a hand-held remote control is developed 
at the Department of Intelligent Hydraulics and 
Automation at Tampere University of Technology. The 
hand-held remote control provides assisting force 
feedback information for the operator. This paper 

introduces the idea and implementation of a cost 
effective assisting force feedback function which is 
based on eccentric electric motors. 

REMOTELY CONTROLLED HYDRAULIC 
MOBILE MACHINE WITH EXCAVATOR

A prototype of the remotely controlled hydraulic mobile 
machine (see Fig. 2) which is used as a test platform 
while testing the hand-held remote control is based on 
the commercial machine Avant 320+ manufactured by 
Avant Tecno Oy [4]. The body of the machine is 
original. Instead, hydraulics and electronics have been 
re-designed in order to make remote control of the 
machine possible. 

Figure 2 The prototype of the remotely controlled 
hydraulic mobile machine which is used as a test 

platform [5] 

Various attachments such as different kinds of buckets 
and brooms can be attached to the basic machine. In this 
paper the excavator is studied. [4] 
Hydraulics of the machine
The power transmission, telescope boom, and bucket of 
the modified machine are controlled with one valve 
block. The valve block consists of six electronically 
actuated proportional spool valves. One of these 
proportional valves of the block is used for external 
hydraulics, in this case for the excavator.  The 
proportional valve block includes internal LS line which 
shows the highest load pressure of the system [6]. The 
LS pressure is measured by means of a pressure 
transmitter [7]. The hydraulic diagram of the machine 
without the excavator is shown in Fig 3. 
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Figure 3 The hydraulic diagram of the machine without 
the excavator 

Similar proportional valve block controls four cylinders 
of the excavator. The valve is attached to the body of the 
excavator. Also this valve includes LS line. The pressure 
and return lines are connected to the external hydraulics 
valve in the valve block of the basic machine (see Fig. 
3). The port is opened when the excavator is used. 
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Figure 4 The hydraulic diagram of the excavator 

Electronics of the machine 
Electronics of the machine is distributed and 
communication between the modules is carried out via 
CAN bus. The display module DM586 is the main 
controller of the machine. It takes care of all high level 
control tasks of the machine and communicates with the 
remote control via serial port. Sensor values such as the 
LS pressure of the machine are read by means of I/O 
modules. [1, 8] 
The excavator is controlled with the excavator control 
unit [9]. The control unit measures the LS pressure of 
the excavator with the interval of 1 ms. The pressure is 
filtered with a moving average filter. The filtered value 

is sent to the main controller (DM586) every 10 ms via 
CAN bus. The algorithm of the moving average filter is 
represented in Eq. 1. [10] 

antconstFilter
AveragevalueInputAverageAverage n

nn
1

1
−

−
−+=  (1) 

HAND-HELD REMOTE CONTROL

The enclosure of the prototype of the hand-held remote 
control is from a cordless game controller for 
Playstation 2, manufactured by Logitech [11]. Instead, 
electronics and software are totally re-designed and 
custom-made for this application. Two joysticks of the 
remote control are used for controlling different 
actuators depending on the functional mode. Three 
LEDs provide state information about some important 
states of the system for the operator. [1, 2] 

Figure 5 The prototype of the hand-held remote control 

The effect of remote control on working efficiency and 
usability of the excavator were determined by means of 
an interview study. 18 testees executed same task with 
three different user interfaces. Remote control improved 
both the working efficiency and the usability. In test 
case, however, processed soil was homogenous and on 
that account conclusions from actual effect of force 
feedback can not be drawn. [1] 
Data transmission protocol
The wireless connection between the remote control and 
the machine is implemented by using commercial radio 
modems. The half duplex data transmission and the 
baud rate of 38400 bps are used. The data transmission 
protocol is designed for this application. Nine bytes are 
sent in every data packet and every byte consists of start 
bit, eight data bits, and stop bit. New control data is sent 
every 50 ms. [12] 
Contents of the sent and received data packets are 
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represented in tables 1 and 2. In table 1 the start byte is 
a constant value which expresses the beginning of the 
data packet. It also separates similar remote controls 
from each other if several machines are controlled at the 
same worksite. The index number byte includes running 
four-bit number. On the grounds of the index number 
the receiver can make sure that data is updated. The 
CRC byte is used for checking if the data is corrupted 
during the transmission. 

Table 1 The sent data packet to the machine 

Byte no. Data 
1 Start byte 
2 Gas / Base boom of excavator 
3 Steering / Bucket of excavator 
4 Boom / Stick boom of excavator 
5 Bucket / Slew of excavator 
6 External hydraulics 
7 Button states 
8 Index number and button states 
9 CRC 

Once the main controller of the machine receives 
correct data packet, it sends the feedback packet to the 
remote control. The feedback packet includes only one 
data byte and the CRC byte. 

Table 2 The received data packet from the machine 

Byte no. Data 
1 Feedback data 
2 CRC 

ASSISTING FORCE FEEDBACK SYSTEM 

Operator’s perceptions of the load level of the machine 
are mostly based on engine sound and the vibrations of 
the cab. While using short-range remote control the 
operator is always close to the machine since the 
machine has to be seen. On that account, the operator 
will always hear engine sound. Therefore, the only 
feedback that the operator misses is the sense of 
vibrations.  
Usually the operator is not interested in the load level 
until it is about to reach the maximum force capacity of 
the machine. When the maximum capacity is reached 
the operator either releases or changes the control. Thus, 
proportional force feedback is not necessary required.  
The idea of the assisting force feedback function of the 
hand-held remote control is to provide for the operator 
information when the load of the machine increases 

significantly, close to maximum. Quality force feedback 
joysticks can not be integrated to a small device such as 
the hand-held remote control. In this case, the force 
feedback information is produced by vibrating the 
device instead of using force feedback joysticks. The 
vibration is generated by means of two eccentric electric 
motors (see Fig. 6). Since the motors are of a different 
size four various strength of vibration can be 
implemented. 

Figure 6 The remote control without the cover. 
Eccentric electric motors are mounted to the handles 

The main controller of the machine (DM586) filters the 
highest LS pressure of the whole system (LS pressure of 
the basic machine or LS pressure of the excavator) 
during the past 50 ms utilizing the moving average filter 
(see Eq. 1). 50 ms window is used since new control 
data from the hand-held remote control is received 
every 50 ms. Depending on the filtered LS pressure one 
of four load levels is selected. The load levels can be 
adjusted on-line by tuning parameters in the main 
controller of the machine. 
Information about the current load level is transferred 
from the machine to the remote control with a two-bit 
value which is included to the feedback data byte (see 
Table 2). On the grounds of feedback the eccentric 
electric motors are controlled. 
Control of electric motors 
Control of the electric motors is on/off type. Since 
DSP56F803 which is used as a controller of the remote 
control can not drive enough current SMART FETs are 
utilized as amplifier stages. [13, 14] 
A disadvantage of the electric motors is electromagnetic 
interferences. Especially in this case when the motors 
are close to the processor and RF signals are used 
interferences have to be taken into account. Passive 
filtering is utilized in this application. The schematic of 
the amplifier stage and filtering is shown in Fig. 7. 

Electric motors 
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Figure 7 The schematic of the filter and amplifier stage 
of the electric motors. 

BEHAVIOUR OF THE SYSTEM DURING 
EXCAVATION CYCLE 

The system was tested by controlling the excavator 
remotely. Figs. 8-10 show the behaviour of the system 
during one excavation cycle. In the test run the bucket 
of the excavator was filled once by moving all joints. 
After that the excavator was slewed aside and the 
bucket was emptied. Finally the excavator was returned 
back for the next cycle. During the test run the load 
increased so high that the maximum force capacity of 
the machine was exceeded. The control values are 
shown in Fig. 8 and the filtered LS pressure in Fig. 10. 
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Figure 8 The control values of the excavator during the 
excavation cycle 

The orientation of the excavator was measured by 
means of a potentiometer and three inclinometers. The 
potentiometer was utilized for measuring the position of 
the slew cylinder [5]. The inclinometers (with modified 
software compared to reference) were attached to the 
base boom, stick boom, and bucket of the excavator 
[15]. Approximations of the joint angles were calculated 

by subtracting the angle values from each other. The 
slew angle and the relative joint angles are illustrated in 
Fig. 9. Some offset have been added to the joint angles 
to fit curves in one figure. High frequency oscillation 
and peaks can be noticed in Fig. 9. This oscillation is 
due to characteristic of the inclinometers utilized in the 
measurements. In this case peaks and oscillation can be 
ignored. 
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Figure 10 The filtered LS pressure of the excavator 

The idea of the assisting force feedback system is to 
inform the operator when the load tends to the 
maximum force capacity of the machine. Thus, the 
pressure behaviour close the maximum pressure is 
important. In this case the maximum pressure of the 
system is about 180 bar. 
Let us consider more carefully the period from 4 to 9 
seconds in Figs. 8-10. After the control of the stick 
boom is activated (at 4 s), the joint angle of the stick 
boom starts to change. At the same time the LS pressure 
increases. During the period from 5 to 7.8 seconds the 
joint angles of the excavator do not vary significantly 
even though the stick boom is controlled with the 
maximum control value. After 5 seconds the LS 
pressure increases rapidly to 175 bar. The LS pressure 
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remains high until the bucket is controlled at 7.8 
seconds. The change in the angle of the bucket 
decreases the load of the excavator and the LS pressure 
drops rapidly. In other words, between 5 and 7.8 
seconds nothing moves significantly regardless of the 
controls since the machine does not have enough power 
to execute the controls. At this time the LS pressure 
remains almost constant. At other times the machine is 
able to execute the controls and the LS pressure varies 
without reaching the maximum value. 
If the pressure level which enables force feedback is 
adjusted to 170 bar the system starts to vibrate the 
remote control at 5.5 seconds. On the ground of the 
vibration the operator knows that the maximum force 
capacity of the machine is achieved. The vibration stops 
immediately when the operator changes the controls so 
that the load decreases (in this case controls the bucket).  

CONCLUSIONS

Lack of feedback is often considered to be one of the 
biggest disadvantages of remote control. While using 
short-range remote control the operator gets good visual 
feedback including stereoscopic vision. An advantage 
compared to the traditional onboard user interface is that 
the angle of view can be changed according to need. 
Short-range remote control also offers sound feedback. 
In addition to visual and sound feedbacks the onboard 
user interface provides force feedback at some level. In 
real terms the operator composes so called force 
feedback of the vibrations of the machine and engine 
sound. 
In this paper the idea of the assisting force feedback 
system for the hand-held remote control is introduced. 
The load of the machine is measured by means of the 
LS pressure of the system. The remote control includes 
two eccentric electric motors which are utilized for 
vibrating the remote control when the load level of the 
machine exceeds certain level. Four different strengths 
of vibrations can be produced. 
The system was tested by means of the hydraulic mobile 
machine with the excavator attachment. Behaviour of 
the system during one excavation cycle is represented. 
The goal was to detect the situation when the machine 
can not execute the control task because of the limited 
force capacity and inform the operator about the lack of 
force. According to measurements this phenomenon can 
be discovered by measuring the LS pressure and the 
system designed works. 

FUTURE WORK

In future more tests have to be carried out to find out 
how the system works in different conditions. Also a 
usability test has to be arranged to discover whether the 
system improves usability of the machine. 
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ABSTRACT 

For a new kind of automatic transmissions using proportional pressure valves to control the clutches directly, a 
two-degree-of-freedom controller is designed for clutch slip control during the inertia phase of the shift process. The 
controller is designed based on a low order linear model which is derived from dynamics of the proportional pressure 
control valve and the vehicle drive line. The feedback gain is calculated by robust pole assignment methods while the 
feed-forward compensator aims to improve system response. Finally, the designed controller is tested on an AMESim 
powertrain simulation model. Simulation results show that the rotational speed difference of clutch can track the desired 
trajectory well, and shift shock can be reduced by designing suitable feed-forward compensator.  

KEY WORDS  

Automatic Transmission, Proportional Pressure Control Valves, Clutch Control, Clutch-to-Clutch Shift  

NOMENCLATURE 

A  : piston area of clutch B  
AC : a constant coefficient depending on air density, 

aerodynamic drag coefficient and the front area of 
the vehicle.   
)(C : capacity factor of torque converter  

xdS  : longitudinal slip threshold 

sF  : force of return spring   

xF  : tire longitudinal force   

maxxF :maximum longitudinal force of the tire

bi  : electric current of pressure control valve B  

dfi  : gear ratio of the differential gear box

cvK~  : valve gain   

cvL~  : time-lag of valve  
N  : number of friction plates  

cbp  : pressure of cylinder B  

sp  : input port pressure of the valve 
R   : effective radius of push force acted on the 

friction plates   
wR : tire radius  

xS  : longitude slip ratio of tires 

pT  : torque converter pump torque   

tT  : torque converter turbine torque   

vT  : resistant torque delivered from tire to drive shaft  

wT  : rolling resistant moment of tires 
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)(t : torque ratio of torque converter  
 : gear ratio of sun gear to ring gear  
 : speed ratio of torque converter 

0  : output speed of transmission  

e  : engine speed   

r  : rotational speed of ring gear  

t  : turbine speed  
: speed difference of clutch B  

 : friction coefficient of clutch plates  

cv
~  : time constant   

INTRODUCTION 

Automotive transmissions transfer the engine torque to 
the vehicle with desired ratios. To improve fuel 
economy, reduce emission and enhance driving 
performance, many new technologies have been 
introduced in the transmission area in recent years, such 
as Dual Clutch Transmission (DCT) and new Automatic 
Transmissions (AT) controlling clutches independently 
[1]. Furthermore, smart proportional valves with large 
flow rate are developed for direct clutch pressure 
control, without using the pilot duty solenoid valve [2]. 
These valves can be used in new Automatic 
Transmissions to improve the ability of adapting to 
different driving conditions, as well as to reduce the cost 
and to improve packaging.  
Clutch-to-clutch shift of this kind of Automatic 
Transmission involves electronic control of both the 
oncoming and offgoing clutches, thus guarantee the 
timing and coordination between them, which are 
assured by the hydraulic logic circuits in the case of 
traditional AT. The elimination of some shift valves and 
accumulators, etc. greatly simplifies the transmission 
mechanical content, but makes the robust control of 
clutch-to-clutch shifts a challenge [1, 3]. Furthermore, 
the sensors for measuring the pressure of clutch cylinder 
are seldom used because of the cost and durability. If 
system state feedback is to be used to enhance system 
control quality, the cylinder pressure needs to be 
estimated [4, 5]. 
Two-degree-of-freedom controller design is suitable to 
many automotive control systems for it can fulfill good 
tracking performance and robustness simultaneously [6]. 
In [7], a two-degree-of-freedom controller was designed 
for the speed control of a braking mechanism, in which 
the feedback gain was calculated by  synthesis.  
This paper, therefore, use the two-degree-of-freedom 
controller design method to carry out the clutch 
engagement control of an Automatic Transmission with 
proportional pressure control valves. The clutch 
cylinder pressure, which is necessary for state feedback 

control is estimated by a reduced-order state observer. 
The feedback gain is calculated by robust pole 
assignment methods while the feedforward compensator 
aims to improve the system response. Not only the 
rotational speed can track the desired trajectory well, 
but also can shift shock be reduced by choosing suitable 
feedforward compensator. Finally, the designed 
controller including the pressure estimator is tested on 
an AMESim powertrain simulation model.  

CLUTCH SYSTEM MODELING    

 Figure 1 Schematic graph of Automatic Transmission  

We consider the powertrain in passenger vehicles with a 
two-speed automatic transmission, as schematically 
shown in Figure 1. A planetary gear set is adopted as the 
shift gear, two clutches are used as the actuators, and 
two proportional pressure valves are used to control the 
two clutches respectively. When clutch A is engaged 
and clutch B disengaged, the powertrain is operating in 
1st gear, the speed ratio is  
                /111i       (1)  

While clutch A is disengaged and clutch B engaged, the 
vehicle is driven in 2nd gear with the speed ratio:  

12i     
   (2)  
During the shift process, the oncoming and offgoing 
clutches are controlled by the proportional pressure 
control valves independently, thus the shift timing and 
cooperation of the clutches are guaranteed.  
Proportional Pressure Control Valves    
The cylinder’s pressure is decided by the input electric 
current of proportional pressure control valve. The 
dynamics of the proportional valve can be simplified as 
a first-order system [7]:  

     )~(~~
cvbcvcbcbcv LtiKpp    (3)  

The values of cv
~ , cvK~  and cvL~  are not constant but 
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vary according to different operating point.  
In order to represent real valve dynamics at different 
operating points, the parameters cv

~ , cvL~ , cvK~  are 
given by lookup tables according to different operating 
points, i.e. valve current bi  and the input port pressure 
of the valve sp  [8].          
The above time-variant model of the valves can be used 
for system simulation. During controller design stage, 
however, the parameter variations are ignored, and the 
dynamics of the valve can be rewritten as  

bcvcbcbcv iKpp       (4)  
where cv  and cvK  are constants.  
Clutch System     
The 1st to 2nd up shift is considered here as an example. 
During the inertia phase, the pressure of cylinder A is 
already approximately zero, and the pressure of cylinder 
B is controlled so that clutch B can be engaged 
smoothly in required time. If the variation of friction 
coefficient  is ignored, the speed difference of clutch 
B can be described by the following equation[9],  

sv

tcb

RNFCCTCC
TCCpRNACC

)()(
)()(

23132414

21112313

where rt and ijC  are the constant 
coefficients decided by inertia moments of vehicle and 
transmission shafts.   
Without considering the transient dynamics of the 
torque converter, tT  can be calculated by the 
steady-state characteristics of the torque converter as 
follows  

         2)()( et CtT       (5)  

with 
e

t .

Moreover, if the torsion dynamics of drive shaft, tire 
slip and road grade are ignored, the resistant torque 
delivered from tire to drive shaft vT  can be calculated 
as

   2
03

3

df

wA

df

w
v i

RC
i
T

T      (6)  

Model for Controller Design     
By selecting speed difference , and pressure cbp
of cylinder B as the state variables x1; x2 respectively, 
the inertia phase of 1st to 2nd gear up shift process can 
be described in the following state space form  

dTxRNACCx 223131 )(      (7a)  

uKxx
cv

cv

cv
22

1       (7b)  

where 
biu , the control input;

svtd RNFCCTCCTCCT )()()( 231324142111 ,
regarded as disturbance torque here. 
It should be noted that, although dT is regarded as 
disturbance torque, it has large effect on the dynamics 
of speed difference. Our previous study has shown that, 
when only linear feedback is used to carry out the 
control problem, it is difficult to get satisfactory control 
performance. Thus a two-degree-of-freedom controller 
will be designed and used to improve the control 
performance.   

CONTROLLER DESIGN  

The clutch pressure observer [9, 10] design is omitted 
here, and the clutch pressure is assumed available in the 
following controller design procedure.  
Two-Degree-of-Freedom Controller 
Two-degree-of-freedom controller is a control system 
with a forward compensator besides the feedback 
controller [11]. Its block diagram is shown in Figure 2. 
If the controlled object )(sP  is modeled accurately 
enough, the transfer function from input to output turns 
to be, 

)(
)(
)( sM

sR
sY       (8)  

which means that the system transfer function only 
depends on the dynamics of )(sM . Therefore, the 
quality of output response can be improved by giving 
suitable )(sM . While, on the other hand, the feedback 
controller )(sKb  can be designed for high stability and 
robustness.  

Figure 2 Block diagram of two-degree-of-freedom 

controller 

Two-Degree-of-Freedom Controller Design for 
Clutch Slip Control  
Clutch slip controller will be designed in this section 
based on equation (7). Rewrite the equation (7) in 
matrix form:  

du EBxAx     (9a)
and the output equation is:  

Cxy         (9b)  
where,  

T
cbp ][x , y
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cv

RNACC
10

)(0 2313

A ,
T

cv

cvK
0B

T01E , 01C , biu , dTd
Based on the above linear state equations, the 
two-degree-of-freedom clutch slip controller is designed. 
The block diagram is given as Figure 3.  

Figure 3 Two-degree-of-freedom clutch slip controller

If no feedforward compensator is included, the gain 1F
and 2F  turns to be the commonly used linear servo 
system for output tracking control. The robust pole 
assignment method proposed by [12] is used here to 
calculate 1F  and 2F , which is also the algorithms of 
command "place" in control toolbox of MATLAB.  
After determining the feedback gain 1F  and 2F , the 
forward compensator can be derived. First the part 
circled in the dashed line is labeled as )(sP . Being 
different from the )(sP  of Figure 2, )(sP  defined 
here includes the state feedback besides the controlled 
object. This treatment allows for convenient design of 
the feed forward compensator and the later simulation 
results show its validity. Thus, )(sP  can be calculated 
by,   

)(
)()()( 1

sP
sPssP

d

nBAIC (10)  

where  

1FBAA -      (11)  
)(sPn  is a constant and )(sPd  is a second-order 

polynomial of the Laplace variable s .
Because )()(1 sMsP  must be a proper transfer 
function, )(sM  is set as a third-order transfer function 
with the following form,  

3
0

3
0

)(
)(

ps
psM     (12)  

The desired speed difference is given first by the request 
of shift time, which is shown as  in Figure 3. 
Then it is modified by reference model )(sM  and 

yields ' , the real desired trajectory. The smaller 
value of 0p  results in smoother shape of ' , which 
can be seen from Figure 7 in the section "Simulation 

results ".  
After getting )(sP  and )(sM , the feed forward 

compensator )()(1 sMsP  can be calculated by,  

)(
)()()()(1

sP
sMsPsMsP

n

d      (13)  

SIMULATION RESULTS  

Powertrain Simulation Model  
The simulation model of the powertrain is established 
by commercial simulation software AMESim, which 
supports the Simulink environment by S-Function. The 
powertrain simulation model can be constructed by 
combining the different submodels provided by the 
POWERTRAIN library of AMESim.  

a) Engine and torque converter  
The function of engine output torque is always given as 
the map of engine rotational speed and engine throttle 
angle, which can be fitted as polynomial expression. 
Figure 4 shows the torque characteristic of the engine 
used in this study, i.e. a 2000cc injection gasoline 
engine.  

Figure 4 Engine torque map with speed and throttle 
opening 

Figure 5 Capacity factor and torque ratio of torque 
converter  

The dynamic properties of torque converter when 
turbine is driven forward are often characterized as 
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follows:
2)( ep CT        (14a)  

pt TtT )(       (14b)  
The capacity factor )(C  and torque ratio )(t  used 
here are given in Figure 5.  

b) Clutches and valves  
Different from model for controller design, the friction 
coefficient of clutch plates  is not constant but a 
function of  with the relationship shown in Figure 
6.  
The dynamic parameters of the proportional valve are 
also time-variant according to different operating points. 

Figure 6 Friction characteristics of clutch plates  

c) Driveshaft and tires   
The two drive shafts between the differential gear and 
front wheels are represented as torsion spring with 
stiffness coefficient lK  and a torsion damping with 
damping coefficient lC .
Only the longitudinal force of the tire is considered here. 
The longitudinal force of the tire xF  is represented as a 
tanh function of the longitude slip ratio xS :

x

x
xx dS

SFF 2tanhmax     (15)  

Simulation Results  
1st to 2nd gear up shift is simulated. During the inertia 
phase deduced controller works to make speed 
difference of clutch B tracking desired trajectory.  
The feedback gain 1F  and 2F  used here are  

63
1 10911087 ..F

0.081][2F
and the value of 0p  is set to be  

300p .
The 1st to 2nd gear up shift simulation results are given 
by Figure 7. The gear shift process consists of three 
parts: before 7.94s, the 1st gear torque phase; after 8.24s, 
the 2nd gear torque phase and between 7.94 s and 8.24s, 
the inertia phase. During the toque phases the rotational 
speeds of shafts do not change greatly, while during the 

inertia phase, the rotational speeds change intensively 
because of the clutch slip.  
The desired time of the inertia phase is set to be 0.3s. 
The simulation result of the speed difference of clutch B 
is shown in Figure 7(b), and  and '  are also 
given as well. It can be seen that the speed difference 
between turbine and ring gear  can track reference 
value '  without large error.  
The angle of driveshaft l  is shown to examine the 
shift shock. It can be seen that at the time the inertia 
phase begins and ends, there is no sharp change in the 
electric current of valve B, which results in smooth 
change of driveshaft angle. Especially before 8.24s, the 
time clutch B locked up, the electric current of valve B 
decreases for a while, which makes the lock up of clutch 
smooth.  
During the shift process, the engine is controlled to 
cooperate with the transmission shift. The throttle angle 

th  decrease and increase respectively when shift start 
and end, with angle and rotational speed decided in 
advance.    

Figure 7 Simulation results of 1st to 2nd gear up shift 

CONCLUSIONS  
For the automatic transmission using proportional 
pressure control valves to control the clutches directly, a 
two-degree-of-freedom clutch slip controller is designed 
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for the inertia phase of gear shift.     
Given required shift time, the controller can be designed 
and simulation results show that the speed difference 
can track the desired trajectory well. The feed forward 
compensator can reduce shift shock as well as improve 
tracking performance.    
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ABSTRACT 

 In this paper, a typical architecture of Electro-Hydrostatic Actuator (EHA) is described and modeled by the block 
diagram based on mathematic equations, which is a nonlinear accuracy model. The single PID, cascade PID and state 
feedback controllers are respectively designed and applied to this model for comparison analysis that focused on system 
stability, stiffness and dynamic characteristics. It is proven that the state feedback controller along with dynamic 
pressure feedback strategy could efficiently improve both static and dynamic performance. 

KEY WORDS 

EHA, Block diagram model, Single PID, Cascade PID, State feedback 

NOMENCLATURE 

A   : Piston active area [m2] 
B   : Oil bulk modulus [N/ m2] 
D   : Pump displacement [m3/rad] 
Fc    : Coulomb friction [N] 
Fs    : Maximum static friction of piston [N] 
Fex  : External load force [N] 
J  : Total inertia of motor and pump [Kg·m2] 
Kc    : Motor speed constant [v/(rad/s)] 
Kt    : Motor torque constant [N·m/A] 
Kelp  : Pump external leakage coefficient 

[(m3/s)/Pa] 
Kilp  : Pump internal leakage coefficient 

[(m3/s)/Pa] 
Kilj : Hydraulic jack internal leakage coefficient 

[(m3/s)/Pa] 
Kvism : Motor viscous coefficient [N·m/(rad/s)] 
Kvisp : Piston viscous coefficient [N/(m/s)] 
k   : Polytropic exponent [-] 

L   : Motor inductance [H] 
M  : Total mass of piston and load [Kg] 
R  : Motor resistance [Ohm] 
V10 : Initial volume in chamber 1 [m3] 
V20  : Initial volume in chamber 2 [m3] 
Xt  : Output displacement of actuator [m] 
ω : Rotational speed of motor [rad/s] 

INTRODUCTION 

The demand for conventional hydraulic actuation is 
gradually decreasing due to its limitations such as: low 
energy efficiency, leakage, noise, low maintainability. The 
Power-By-Wire (PBW) technology is becoming an 
attractive direction of future airborne actuation system. A 
PBW flight control system would simplify the secondary 
power generation, eliminate the need for a central 
hydraulic power supply, and replace the hydraulic pipes 
by electric power cables. As a result, the reliability, 
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survivability, efficiency and maintainability of the aircraft 
would be greatly improved. 
The Electro-Hydrostatic Actuator (EHA) is one kind of 
PBW actuator that uses the hydraulic pump to transfer the 
rotational motion of electrical motor to the actuator output. 
EHA is based on the principle of closed-circuit 
hydrostatic transmission, so that, there are no 
requirements for oil reservoir or electro-hydraulic
servo-valves. 
A lot of research papers have modeled the EHA system 
by transfer functions in the past [1,2,3], however, it is a 
linear modeling method that has some disadvantages in 
description of realistic EHA: neglecting the refeeding 
circuit which contains some nonlinearity; simplifying the 
friction, especially the static friction; supposing that all 
the initial conditions are zero. To solve these problems, 
the block diagram model of EHA is established; 
furthermore, some different control methods are designed 
and compared in this paper. 

EHA ARCHITECTURE DESIGN 

There are several architectures of EHA: EHA with fixed 
pump displacement and variable motor speed (FPVM), 
EHA with variable pump displacement and fixed motor
speed (VPFM), EHA with variable pump displacement 
and variable motor speed(VPVM). Nowadays, the 
FPVM-EHA (Fig.1) is more popular for its simple 
structure and efficiency. In this system, a bi-directional 
pump rotates in variable speed and directions given by 
electric motor. As a result, the oil flow and supply 
pressure are variable to drive the symmetrical actuator. 

Figure 1 Architecture of FPVM-EHA 

EHA MODELING 

Modeling of DC Motor 
The Brushless DC Motor (BLDCM) is chosen as the 
EHA driving motor. This is mostly due to its high 
reliability which is very important for airborne actuation. 
The mathematic equations of BLDCM are: 

c

c

e t

e f l

di
U E L Ri

dt
E K

T K i

T J T T

ω

ω

⎧
⎪
⎪
⎪⎪
⎨
⎪
⎪
⎪
⎪⎩

= + +

=

=

= + +�

              (1) 

According to Eq.(1), a block diagram model of motor is 
gotten as Fig.2 by Simulink. The part in dashed is current 
protection that could be realized by software. 

Figure 2 Block diagram model of motor 

Modeling of Pump 
The flow equation of pump outlet is: 

1 1 2 1
( ) ( )

ilp elp ac
Q D K P P K P Pω= ⋅ − − − −          (2) 

The flow equation of pump entry is: 

2 1 2 2
( ) ( )

ilp elp ac
Q D K P P K P Pω= ⋅ − − + −          (3) 

Where acP  is the pressure of accumulator. The diagram 

model of pump is shown in Fig. 3. 

Figure 3 Block diagram model of pump 
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Modeling of Refeeding Circuit 
To keep the closed-circuit of EHA, a refeeding circuit 
composed of accumulator and check valves is necessary. 
The schematic diagram is shown in Fig. 4.  

Figure 4 Schematic diagram of refeeding circuit 

The flow equations of refeeding circuit are: 

1 2

1 1 1

2 2 2

ac el c c

f c

f c

Q Q Q Q

Q Q Q

Q Q Q

= − −

= +

= −

⎧
⎪
⎨
⎪
⎩

           (4) 

Where 
el

Q  is the external leakage of pump, 1cQ , 2cQ

are the flow of check valves depending on 1( )acP P− and 

2( )acP P− . The relationship between 
ac

Q  and 
ac
P

could be described as follows: 

/( )k k
ac aci gasi gasi acP P V V Q dt= − ∫         (5) 

Where aciP  is the initial pressure of accumulator, gasiV

is the initial volume of gas, k  is the polytropic 
exponent of gas within the range from 1.0 to 1.4. 
The block diagram model of refeeding circuit and 
accumulator are shown in Fig. 5 and Fig. 6. 

Figure 5 Block diagram model of refeeding circuit 

Figure 6 Block diagram model of accumulator 

Modeling of Hydraulic actuator 
EHA requires a symmetrical actuator in order to ensure 
flow balance between the actuator and the pump. The
hydraulic jack is divided into two working chambers by 
the piston [4]. 
The flow of oil-in chamber could be described by the 
following equation: 

10
1 1 1 2( )t

f t ilj

V Ax
Q Ax P K P P

B

+
= + + −��        (6) 

The flow of oil-out chamber could be described by the 
following equation: 

20
2 2 1 2( )t

f t ilj

V Ax
Q Ax P K P P

B

−
= − + −��        (7) 

In such a symmetrical actuator, the initial volume 10V

and 20V  are of the same value. 

The load force balance equation of the piston is: 

1 2( ) t ex fricA P P Mx F F− = + +��          (8) 

Where fricF  is the friction which would be described 

later. The diagram model of hydraulic jack and piston are 
respectively shown in Fig. 7 and Fig. 8: 

Figure 7 Block diagram model of hydraulic jack 
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Figure 8 Block diagram model of piston 

Modeling of Friction 
The friction model is given as follows [5]: 

| |/( ) [ ( ) e | |] ( )tx

f t c s c vis t tF x F F F K x sign xα−= + − ⋅ + ⋅�� � �   (9) 

Where cF is the Coulomb friction, | |/( ) e tx

s c
F F α−− ⋅ � is the 

Stribeck friction, and | |
vis t

K x�  is the viscous friction. 

For improvement, ( )tsign x�  could be replaced by 

tanh( / )tx β�  to make the model continuous: 

| |/
/( ) [ ( ) e | |] tanh( )tx

f t c s c vis t tF x F F F K x xα β−= + − ⋅ + ⋅�� � �  (10) 

Where α , β  are the reference speeds approximately 
within the range from 0.001m/s to 0.01m/s. The diagram 
model of the friction is shown in Fig. 9. 

Figure 9 Block diagram of friction 

Overall EHA System 
Based on the above sub-models, an open-loop 
FPVM-EHA could be gotten as Fig.10. All the 
sub-models are enveloped and connected with each other 
by the defined input and output ports. The EHA 
parameters are given in Table 1. 

Figure 10 EHA open-loop system 

Table 1 EHA Parameters 

Symbol value Symbol value

L  [H] 2.3e-3 s
F [N] 25 

R  [Ohm] 1.5 c
F  [N] 15 

t
K  [N·m/A] 0.2 sT  [N·m] 0.5 

c
K  [v/(rad/s)] 0.2 cT  [N·m] 0.3 

J  [Kg·m2] 1.2e-3 10 20,V V [ml] 152 

vism
K [N·m/(rad/s)] 4.2e-4 B [N/m2] 6.5e8

ilp
K [(m3/s)/Pa] 1e-13 A  [cm2] 19 

elp
K [(m3/s)/Pa] 1e-13 M  [Kg] 2000

D   [ml/r] 1.2 gasi
V [ml] 150 

ilj
K [(m3/s)/Pa] 1e-13 aci

P  [MPa] 2.5 

visp
K [N/(m/s)] 150 oili

V  [ml] 150 

k 1.3   

CONTROL DESIGN AND COMPARISONS 

The EHA is a unique device with some complex 
characteristics due to the combination of electrical and 
hydraulic components. To obtain desire performance, the 
single PID, cascade PID, and state feedback control
methods are analyzed and estimated. 
Single PID Control 
Single PID control is popular for its simple structure. 
Fig.11 gives the position step response, where the input 
is 20mm and an external force of 20000N is acting on 
actuator at 2.5s. 
The static error caused by the external load indicates the 
low stiffness of this close-loop system. Moreover, there 
are some oscillations in pressure response due to the low 
hydraulic damping. For improvement, the cascade PID
control may be a better choice. 
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Figure 11 Step response of single PID controlled EHA 

Cascade PID Control 
The cascade control could detect and compensate the
disturbances in the inner loop before they affect the outer 
variable and speed up the system because the inner loop 
could use a faster controller [6]. 
To compose the cascade controller, from inside to outside, 
there are current loop of motor, speed loop of motor and 
position loop of EHA. Considering the strong integration 
in the current loop, the anti-integration saturation method 
is necessary. 
Fig.12 gives the position response. The rise time is 
reduced to 0.25s, and the static error due to external load 
is negligible. Compared to single PID control, the 
cascade control efficiently improves the system’s 
rapidity and stiffness. 

Figure 12 Step response of cascade controlled EHA 

However, in view of Fig.13, the pressure oscillations 
seem to be critical. The frequency is about 36Hz which is 
close to EHA’s natural frequency: 

2

10

2
231.6 / 36.8N

B A
f rad s Hz

M V

⋅ ⋅
= = =

⋅
     (11) 

The usual solution is using the velocity or pressure 
feedback which means another new loop to the system
and becoming difficult to design the parameters in 
different loops to achieve global high performance.

Figure 13 Pressure response of cascade controlled EHA 

State Feedback Control 
Consider the EHA as a fifth-order system with the 
following state variables: 

t tf i      P    x     x  
T

ω= ⎡ ⎤⎣ ⎦�X          (12) 

All these variables are measurable, which is important 
for the realization of a full state feedback controller. 
According to Eq.(1), (2), (3), (6), (7), (8), the state 
equation of EHA could be described in matrix form: 
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Input vector: [ ]Tex
u F=U

Output vector: [ ]0 0 0 1 0=Y X

Fig.14, 15 are the position and pressure responses of this 
system. Compared to cascade PID control, it is a more 
rapid system and the oscillation is obviously reduced. 
However, there is an unacceptable static error when
loading. The system has to maintain a certain static error 
to produce enough input to counteract the input loss due 
to pressure feedback. 
To solve this problem, a high-pass filter could be applied 
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to the pressure feedback loop to form the dynamic 
pressure feedback. This filter keeps the desirable effects 
of pressure feedback on shaping dynamic response, as 
well as eliminates the undesirable static error when in 
static state. It could be realized by electric circuit or 
software. The cut-off frequency is always chosen as
80%~90% of the system natural frequency. 
According to Eq.(11), the cut-off frequency is: 

0.85 198 /cutoff Nf f rad s= ⋅ =         (14) 

So, the transfer function of high-pass filter is: 

2 / 0.032

2 / 1 0.032 1
DPF

cutoff

cutoff

s f s
G

s f s

π

π

⋅
= =

⋅ + +
       (15) 

Fig.16 gives the new position response. The static and 
dynamic performances of EHA are both improved. 

Figure 14 Step response of state feedback  
controlled EHA 

Figure 15 Pressure response of state feedback  
controlled EHA 

Figure 16 Step response of state feedback controlled 
EHA along with dynamic pressure feedback 

CONCLUSIONS 

The block diagram model of FPVM-EHA is established 
in this paper. It is an accuracy model that contains more 
information than transfer function model. 
The single PID, cascade PID and state feedback 
controllers are applied to this model for comparison 
analysis. The single PID control can’t satisfy the EHA 
requirements; the cascade PID control efficiently helps 
the system to achieve high rapidity and stiffness, but 
leads to some oscillations; the state feedback control 
along with dynamic pressure feedback strategy is finally 
proven to be the best solution for improving both static 
and dynamic performance of EHA. 
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ABSTRACT 

The optimum design of parallel manipulators is an important and challenging problem. Currently, much of optimization 
work has been done over several criteria related to workspace, stiffness, dexterity and conditioning index. Relatively 
few papers have taken the control problem into consideration. In this paper, an optimal design method based on 
generalized natural frequency is proposed, which aims to expand the bandwidth for the control of large hydraulic 
Stewart platform. A Lagrangian formulation which considers the whole leg inertia is presented to obtain accurate 
equivalent inertia matrix, based on which, the influence of design parameters on generalized natural frequency is 
studied. Conclusion drawn from numerical examples, based on more accurate model, demonstrates that the leg inertia 
especially the piston part plays an important role on the dynamics, and five design parameters (diameters of the moving 
platform and the base, piston mass, effective driving area and fully retracted leg length) influence the frequency most. 

KEY WORDS  

Large hydraulic Stewart platform, Optimal design, Control bandwidth, Lagrangian 

NOMENCLATURE 

A1 : effective area of the piston side 
A2 : effective area of the rod side 
Adu : rotation matrix 
D : Jacobian matrix 
di : ith leg length 
F : hydraulic driven force vector 
f : generalized natural frequency vector 
Fext: external generalized force 
Ii : ith cylinder inertia of inertia matrix in O
 : ith cylinder mass moment about Bi in BBi
Ili : ith piston inertia matrix  
K : total kinetic energy 
Kh : stiffness of hydraulic oil spring
Kq : equivalent stiffness matrix 
Loil1:  equivalent chamber length of the piston side 

Loil2:  equivalent chamber length of the rod side 
lpis : piston length 
li  : length between dli and the ith upper joint
mpis: piston mass 
Mp :  mass-inertia matrix of moving platform on Op
nli : unit vector along the ith leg 
P : total potential energy 
R : radius of the base 
Ri  : transformation matrix 
q : [x y z ]T

vi : unit vector along the ith leg 
 : oil bulk modulus 
 : density of the piston part 
i : ith cylinder angular velocity 

iI b
i
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INTRODUCTION 

In 1947 McGough proposed a six-degree-of-freedom 
platform, which was later used by Stewart (1965) in his 
flight simulator. In 1978 Hunt suggested using Stewart 
platform as manipulator.  
In the research area of parallel manipulators, the 
optimum design is an important and challenging 
problem [1]. Two issues are involved in the optimum 
design: performance evaluation and synthesis. The latter 
is to determine the design parameters.  
Parallel manipulators’ performances depend heavily on 
their geometry. So much of the research work on 
parallel manipulators optimization has been done over 
several criteria related to the workspace [2, 3]. Other 
authors optimized the structural stiffness of the 
manipulator [4]. Also, some works may be referred 
where the optimization criteria used are related with the 
manipulability, dexterity, payload, conditioning index, 
or best accuracy . Different methods have been taken to 
solve the optimum design problems including the 
cost-function approach, interval analysis, and so on. 
Relatively few optimization works take the control 
problem into consideration. Shiller Z [5] used the 
motion time along the path as the optimization cost 
function. Khatib O [6] investigated the problem of 
manipulator design for increased dynamic performance 
which was characterized by the inertia and acceleration 
properties of the end-effector. However, the control of 
hydraulic actuators is more difficult than the control of 
electrical counterparts especially when manipulators are 
large. 
The purpose of this optimization work is to expand the 
bandwidth for the control of large hydraulic Stewart 
platform based on generalized natural frequency. The 
rest of the paper is organized as follows. Section 2 gives 
the Lagrangian formulation which considers the whole 
leg inertia. The optimum method based on generalized 
natural frequency is introduced in Section 3. Numerical 
examples are finally carried out to validate and confirm 
the efficiency of the method in Section 4, in which the 
influence of design parameters on frequency is studied. 

LAGRANGIAN FORMULATION  

Several approaches [7] have been proposed for dynamic 
analysis of Stewart platform. This optimization work is 
to expand the bandwidth for the control based on 
generalized natural frequency, and the Lagrangian 
method is a direct way to get the equivalent mass matrix. 
To be accurate, the whole leg inertia should be 
considered. In this paper the legs are decomposed into 
two parts: the fixed part (to the base) and the moving 
part (the piston part). The integration method is used to 
calculate the energy of each part, with this method the 
energy of particle system includes all the translational 
and rotational energy.  

Kinematics

The Stewart platform is shown in Figure 1.  
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Figure 1  Hydraulic Gough-Stewart platform 

The transformation matrix Ri from the leg coordinate to 
the base coordinate can be obtained as in [8]. 
Let the rotation matrix be defined by the roll, pitch, and 
yaw angles, namely, a rotation of  about the x-axis, 
followed by a rotation of  about the y-axis, and a 
rotation of  about the z-axis. Thus, it can be defined as 

),(),(),( xzy RRRA          (1) 

The length of the ith leg is given by 

,,,,, ppp zyxfd ii            (2) 

It yields 

qDd                 (3) 

where D is the Jacobian matrix, .T
ppp ][  z y xq

Piston part 

The ith leg velocity vector can be written as 
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where {xp yp zp} is the upper platform center coordinate 
in O, and {xui yui zui} is the ith upper joint coordinate in 

Op
In Figure 2, the coordinate of particle dli in O is 
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where li is the length between dli and the ith upper joint, 
{xdi ydi zdi} is the ith down joint coordinate in O, and 
{xi yi zi} is the ith upper joint coordinate in O.
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Figure 2 Leg of the Hydraulic Stewart platform 

The kinematic energy of dli can be written as 

2
ll 2

1
iii vdldT                 (6) 

where , mpispis / lm pis is the piston mass, and lpis is the 
piston length. 

Cylinder part  

The velocity of the ith upper joint can be written as 

iiiii dndv l             (7) 

No rotation is allowed about the leg axis, so the angular 
velocity of the cylinder part can be written as 

iiii dvn /l             (8) 

It yields 
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Hence the total kinematic energy of the pistons is 
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where , is the mass moment inertia of 
the ith leg about Bi expressed in the leg coordinate. 
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ii
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The lagrangian dynamic formulation 

With the principle of virtual work and Lagrange 
equation, the hydraulic driven force can be written as 

ext
T F

qqq
DF PKK

dt
d       (11) 

where K is the total kinetic energy, P is the total 
potential energy, Fext is the external generalized force. 

THE OPTIMUM METHOD  
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Equivalent inertia matrix {xi yi zi}
The equivalent inertia matrix is 

{ xli yli zli}
6

1

T
6

1
lPq

i
i

i
i JIJIMM          (12)

{ xdi ydi zdi} where 

3
:),(:),(

3
1 3

pis2
pispis

2
2

T

T
4

3
pis

l
l

ldld
dz

y
x

z
y
x

ii
d

l
ii

i

i

i

i

i

i

i

i

i
i

JDDI

zi

yi

xi

i

i

i

i

i

i

i
i z

y
x

z
y
x

illd
d

J
J
J

D )(:),()
3
1

2
1(2

TT

T3
pis

2
pis3

:),(:),(
3
1:),(:),(

3

2 T2
4

3
pis

T

T
4

3
pis iiR

d

l

z
y
x

z
y
x

ii
d

l

i
i

i

i

i

i

i

i
DDDD ,

ziziyiyixixii JJJJJJJ TTT ,
Mp is the mass-inertia matrix of moving platform in O.  

Generalized natural frequency 

It is assumed that the mechanical part is rigid, and the 
hydraulic oil can be compressed. The stiffness of the 
hydraulic spring is defined as 

2oil

2

1oil

1
h L

A
L
Ak            (13) 

h

h

h

k

k
K             (14) 

where is the oil bulk modulus, A1 is the area of piston 
side, A2 is the area of rod side, Loil1 and Loil2 are the two 
equivalent chamber lengths of the cylinder .  
It can be obtained 

DKDK h
T

q             (15) 

The generalized natural frequency on 6-DOF (x y z 
) is given by 
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   (i=1~6)      (16) 

The optimization scheme 

In applications with requirements of high precise 
positioning and good dynamic performance, e.g. large 
flight simulators, the control of the platform is 
complicated and difficult, especially for the hydraulic 
platform. In general, the control of hydraulic actuators is 
more challenging than that of their electrical 
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counterparts when parallel manipulators are large. They 
exhibit a significant nonlinear behavior. The factors 
such as nonlinear flow/pressure characteristics, 
variations in the trapped fluid volume due to piston 
motion, fluid compressibility, flow forces and their 
effects on the spool position, and friction, all 
contributing to this nonlinear behavior. This will 
influence the actual control bandwidth, and it is less 
than half of the natural frequency in engineering. To 
expand the theoretical bandwidth for the control, the 
natural frequency characteristics must be considered in 
the optimal design. 
For large hydraulic Stewart platform with requirements, 
the lowest natural frequency in the total workspace and 
the generalized natural frequency when all the actuators 
are at their mid stroke are the key frequencies. The aim 
of the design is to obtain highest frequencies, and the 
natural frequencies when all actuators are at their mid 
stroke should be as close as possible. 
The optimization work is not based on the cost function. 
The steps in the optimization are as follows: 
Step 1 Choose an initial set of design parameters. It can 

be roughly determined from the workspace 
requirement, the desired linear and angular 
isotropic accelerations at some velocity state. 

Step 2 Determine the range of each design parameter, 
and give the graph results of the influence by the 
design parameters. 

Step 3 Choose a new set of design parameters from step 
2, get the task frequencies. If it’s not satisfied, 
change the deign parameters, especially the 
effective hydraulic driving area and oil bulk 
modulus (the system oil should be preprocessed 
if necessary), return to the step 2.  

Step 4 Compute the average hydraulic system power as 
a design reference by the system flow rate and 
pressure with design parameters. 

Step 5 Workspace verifying and other requirements 
examination. 

In the paper, the configuration is representative for a 
group of nearby or symmetric configurations. Based on 
the natural frequency, the bandwidth for the control will 
be determined more appropriate for the designer related 
to the control of the hydraulic parallel manipulator.  

NUMERICAL EXAMPLE 

Frequency verifying

The design parameters of the Stewart platform are 
shown in Table 1.  
With the accurate inertia matrix, the generalized natural 
frequency of the Stewart platform can be obtained as in 
Eq. (16). With the mathematical model, the generalized 
natural frequency at the initial pose is: 

[19.849 42.180 28.979 41.104 42.180 19.849] Hz 

Table 1 Parameters of the Stewart platform 

Parameter Value 
Upper Diameter   2.1 (m) 
Down Diameter  5.4 (m) 
Upper joints angle  21 (°) 
Down joints angle  21 (°) 
Initial height 2.5 (m) 
Length of the piston  2.3 (m) 
Length of the cylinder 2.2 (m) 
Mass of the moving platform 300 (Kg) 
Mass of the piston  200 (Kg) 
Mass of the cylinder  350 (Kg) 

An ADAMS model is built to validate the mathematical 
model, and the corresponding frequency is: 

[19.848 42.181 28.978 41.103 42.181 19.848] Hz 

The effect of leg inertia on the Stewart platform  

Comparisons between current model and traditional one 
are made on the static and dynamic driving forces.  
In the simulation of static forces, all the velocities and 
accelerations remain zero, there is no the external force 
and torque exerted on the platform, and the moving 
platform moves horizontally along z-axis between 
-250mm and 250mm. It’s obvious that the inertia of the 
leg especially the piston part influences a lot on the 
static driving forces. 
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Figure 3 Static driving forces with models considering 
the whole leg or part of the leg 

In figure 4, the moving platform moves horizontally 
along z-axis with a sinusoidal motion (100sin( t) mm), 
while other velocities and accelerations remain zero. 
The three lines (N_1, N_2, N_3) are the results with 
current inertia matrix model, and the other three lines 
(O_1, O_2, O_3) are with traditional one including only 
the translational part of the leg. 
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1

Figure 4 Dynamic driving forces 

Influence of design parameters on natural frequency 

The influence of design parameters on natural frequency 
is shown in figure 5-figure 13. Curve 1, curve 2, curve 3, 
and curve 4 represent the six frequencies when all the 
actuators are at their mid stroke, and curve 5 represents 
the lowest frequency in workspace. 
With the figures, the influence of parameters can be 
easily observed. Five design parameters (figure 5 7 9 11 
12) influence the frequency most. Especially in figure 7, 
the frequency lines are highly non-linear, the influence 
by the down diameter is complicated, which should be 
paid more attention during the design. If necessary, the 
oil should be preprocessed, which is effective for 
increasing the frequencies simultaneously. 

Figure 5 Influence of upper diameter 

Figure 6 Influence of upper joints angle 
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Figure 7 Influence of down diameter 

Figure 8 Influence of down joints angle 

Figure 9 Influence of piston mass 

Figure 10 Influence of cylinder mass 
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Figure 11 Influence of driving area 

Figure 12 Influence of fully retracted leg length 

Figure 13 Influence of oil bulk modulus 

CONCLUSIONS 

This paper presented an optimal design method based 
on generalized natural frequency, which aims to expand 
the bandwidth for the control of large hydraulic Stewart 
platform. The ADAMS model validates and confirms 
the efficiency of the current model. And numerical 
examples were carried out and came to the following 
conclusions: 
(1) Current model is more accurate than the traditional 

one. 
(2) The leg inertia especially the piston part plays an 

important role in the dynamics. 

(3) Five design parameters (diameters of the moving 
platform and the base, piston mass, effective driving 
area and fully retracted leg length) influence the 
frequency most.  
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This optimization method can be used with other 
requirements. In later work, it will be combined with 
hydraulic system design (flow rate/pressure, flow power 
and cooling power). It’s an efficiency method to obtain 
a compact hydraulic Stewart platform with higher 
bandwidth. It will provide a set of appropriate design 
parameters for the large hydraulic Stewart platforms. It 
is suitable for the optimum design of other hydraulic 
parallel manipulators with higher bandwidth. 
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ABSTRACT 

Environmental protection regulations are becoming increasingly strict. By using water instead of a hydraulic mineral oil 
in power-control hydraulic systems we can make a very positive step in complying with these regulations. In this paper 
we present some preliminary results on twin-type hydraulic experiments, employing equal parts containing water and 
oil. Our initial findings suggest the need for modifications to the test rig, and a comparison of the behaviour between 
two similar hydraulic test rigs is shown. The main parameters measured during the investigation were the pressures, the 
spool displacements and the responses of the piston in the double-acting hydraulic cylinder. However, transient 
phenomena in the water and oil hydraulic test rig were also analysed and compared. Experiments were performed on 
systems with and without an applied load. The results reveal very different behaviours for the oil and the water 
hydraulics.  

KEY WORDS  

Water, Mineral oil, Power control, Hydraulics, Proportional valve 

NOMENCLATURE 

IA  : input signal at solenoid A (%) 
IB  :  input signal at solenoid B (%) 
pA  : pressure at port A (bar)  
pB  : pressure at port B (bar) 
pP  : pressure at port P (bar) 
pT  : pressure at port T (bar) 
sspool : movement of the spool in the valve (%) 
scylinder: movement of the piston rod in the hydraulic  

cylinder (mm) 
tA,up  : rising time of the signal for solenoid A (s) 
tA,d : falling time of the signal for solenoid A (s) 
tA  : total working time of the signal for solenoid  

A (s) 
tB,up  : rising time of the signal for solenoid B (s) 
tB,d  : falling time of the signal for solenoid B (s) 
tB  : total working time of the signal for solenoid  

B (s) 

INTRODUCTION 

Unexpected outflows of hydraulic liquids, i.e., mineral 
oils, into the ground and even into underground 
drinking-water supplies are a frequent occurrence. One 
of today’s major challenges is to use alternative, natural 
sources of hydraulic fluid to protect our environment. In 
power-control hydraulics (PCH) there are two ways in 
which we can protect the environment. The first 
solution is to use a biodegradable oil [1-6] instead of a 
mineral oil. But this is only a partial solution because 
biodegradable oil has to contain the necessary additives, 
which are sometimes detrimental to the environment. 
The second – and better – solution is to use tap water 
instead of mineral oil. This solution is harmless to the 
environment, but is very difficult to realise [7-8]. For 
water hydraulics a relatively simple conventional 
control valve already exists on the market; however, the 
continuous control of water hydraulic systems is needed 
for almost every hydraulic machine. Nowadays, the 
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market for disposable water-hydraulics components for 
continuous control is very small. Even if they can be 
located, they are normally very complicated and with a 
lot of parts.  
Despite many years of water-hydraulics research there is 
still insufficient understanding of the mechanisms and 
performance. 
In this work we present some preliminary experiments 
on the design of a new, continuous control 4/3 
directional control valve for use with water. 

EXPERIMENTAL 

Test rig 

A dedicated twin test rig for the study of water 
power-control hydraulics (PCH) was built [9]. The test 
rig can be used for tests of a water and an oil 
proportional 4/3 directional control sliding type valve 
for dynamic-transient and static-long-term life-time 
tests under the same conditions.   
The main parts of the water hydraulic half of the test rig 
are as shown in Figure 1: 
a reservoir, an axial piston pump, a relief valve, a 
specimen-proportional directional 4/3 control valve, a 
double-acting hydraulic cylinder with a through rod, a 
loading mass of 162 kg, four pressure transducers and 
two linear variable differential transformers (LVDTs). 
One transformer is for measuring the spool movement 
and the other is for measuring the rod that moves in the 
hydraulic cylinder. 
The high-pressure hydraulic pump delivers 
approximately 30 lpm of water flow to the P port of the 
specimen. It is controlled from a PC using special 
software.  

We observed the pressures, the displacements and the 
temperatures of the fluid in the reservoir. The pressure 
relief valve was set to 160 bar.  
The water hydraulic test rig (Fig. 2) is assembled from 
standard, on-market-disposable, water hydraulic 
components, except for the proportional directional 4/3 
control valve and the hydraulic cylinder. These two 
components were designed and constructed in our 
laboratory for power-control hydraulics. The tubes for 
the water and the oil hydraulic cylinders are made from 
stainless steel and the rod is made from 
hard-chromium-plated steel. The seals and guide rings 
for both hydraulic cylinders are the same; they are made 
from nitrile rubber, polyurethane, and a fabric-based 
laminate. 
The oil hydraulic test rig (Fig. 2) is the same in terms of 
function, but assembled from standard, 
on-market-disposable components, except for the 
hydraulic cylinder. The oil hydraulic cylinder is typical 
for oil hydraulic applications. It has the same 
construction, the same dimensions and the same surface 

properties as the water cylinder. 

Figure 1 Water hydraulic test rig for dynamic tests 

Figure 2 Water (on the left) / oil (on the right) 
power-control part of the test rig 

Samples  

The test specimens used in the new, water proportional 
4/3 directional control valve were a spool with an outer 
diameter of 12 mm and a sleeve. The clearance between 
the spool and the sleeve was less than a few 
micrometers. In this test the specimens were both made 
from stainless steel. This material combination, 
including some other material pairs, was tested in 
previous tribological experiments [9]. The liquid in the 
water PCH part of the test rig was distilled water, to 
ensure a neutral environment that does not reflect the 
water type from any particular part of the world. The 
liquid in the oil PCH part of the test rig was the mineral 
oil ISO VG 46.  
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Testing procedure 

Two types of test were performed: one with a load mass 
of 162 kg and one without. This load mass was 
positioned in the vertical direction (Fig. 3).  

Figure 3 Water (on the left) and oil (on the right) 
hydraulic cylinder with load masses 

The same experimental procedure was used in both 
types of test, and the whole testing procedure was fully 
automated with the PC software. 
Fig. 4 shows the loading cycle for each experiment, 
which is described in more detail in Table 1. The table 
presents the times for the various stages of the cycle. As 
shown in Fig. 4, the input signal consists of six phases.  
The first phase includes the input signal for moving the 
spool in the cross-shaped position of the valve. As a 
consequence, the piston rod of the cylinder starts to 
move up. This signal increases from 0% to 100% in tA,up
seconds. The signal then stays at that level for (tA - tA,up
– tA,d) seconds. After that, the third phase of the input 
signal begins. It lasts for tA,d seconds and causes the 
spool to return to the zero position. The piston rod in the 
cylinder then stops moving.  
In the fourth phase is the input signal for moving the 
spool in the parallel-shaped position of the valve. As a 
consequence, the piston rod of the cylinder starts to 
move downwards. Increasing the signal from 0% to 
100% takes tB,up seconds. This input signal for the 
parallel-shaped position stays at 100% for (tB – tB,up –
tB,d) seconds. In the final phase the input signal falls 
from 100% to 0% in tB,d seconds.  
During the whole set of experiments the signal was a 
maximum, i.e., 100% for both proportional solenoids, 
for both the water and the oil proportional 4/3 
directional control valve. 

RESULTS 

Experiments - without mass 

Fig. 5.a shows the movement of the spool and the piston 
rod of the cylinder during the loading cycle without the 
mass load in the oil PCH. The motion curve of the spool 
is smooth and without any visible mistakes. The second 

curve, which represents the response when moving the 
control spool, is similarly smooth and nearly 
symmetrical. The downward movement of the 
oil-cylinder piston rod was approximately 75% of the 
upward movement for the same, symmetrical input 
signal. 

Figure 4 Input signal (time ramp) for specimen 

Table 1 Setting the time ramp for the water and oil 
proportional directional 4/3 control valve 

Fig. 5.b shows the movement of the spool and the piston 
rod of the cylinder during the loading cycle without any 
mass load in the water PCH. If we look carefully at the 
motion curve of the spool we can see the first 
irregularity, i.e., a peak near to 50% of the signal of the 
spool moving to the cross-shaped position of the 
proportional valve. This occurred approximately 0.55 s 
after the start of the measurement. However, there might 
be a stick-slip effect or a key-effect because of the small 
gap, the shape irregularity and the surface roughness. 
During the de-energizing of the first solenoid for lifting 
the mass, the movement of the spool from the 
cross-shaped position of the proportional valve to the 
zero position showed no irregularity. This part of the 
curve is smooth.   A larger irregularity in the spool’s 
motion occurred at approximately 50% of the negative 
signal and a time approximately 0.8s after the start of 
the measurement. Here we were able to see the 
momentary key-effect of the spool. After that the 
electrical, closed regulation loop increased the signal to 
put the spool in the desired position. The spool jumped 
and the regulation loop subsequently decreased the 
signal. So there was a strengthening oscillatory 
movement of the spool using electrical regulation. The 
cylinder rod’s motion curve shows the response of the 
hydraulic cylinder during the movement of the spool. 
This curve is quite smooth, but unsymmetrical. The 
reason for the unsymmetrical shape might lie in the 
unsymmetrical and irregular input signal, the 
unsymmetrical movement of the spool or the different 
friction in the valve and the hydraulic cylinder when 
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moving up and down the piston rod. In the case of the 
experiment without any applied mass there was a larger 
unsymmetrical displacement of the water cylinder in 
comparison with the oil cylinder. The downward 
movement of the water cylinder’s piston rod was only 
approximately 33% of the upward movement for the 
same, symmetrical input signal. 

Figure 5.a Movement of the spool and the piston rod of 
the cylinder without any mass during the loading cycle 
in the oil PCH 

Figure 5.b Movement of the spool and the piston rod of 
the cylinder without any mass during the loading cycle 

in the water PCH 

Fig. 6.a shows the pressure response at port B when 
moving the control spool in the oil PCH part of the test 
rig without any loading mass. Port B is on the pressure 
side of the cylinder piston for lifting the rod up. The 
pressure curve at the port B shows a pressure peak at the 
start of the movement of the rod of the cylinder at about 
8-bar working pressure. At the end of this phase we 
observe another, similar, pressure peak. Similar pressure 
peaks were obtained for the reverse motion of spool 
(holding the spool in a parallel-shaped position); 
however, this is not so important, because they are at a 
very low pressure level. The maximum pressure when 
moving the piston rod in the oil cylinder was close to 72 
bar, at the start of the experiment. Additionally, we 
observed a water-hammer effect approximately 1.2 s 
after the start. The effect corresponded to approximately 
8% over the static pressure. 
Fig. 6.b shows the pressure response at port B when 
moving the control spool in the water PCH part of the 

test rig without any loading mass. The pressure curve of 
port B shows a pressure peak of around 25 bar above 
the working pressure, for upward movements of the 
piston in the water cylinder. The maximum pressure 
when moving the piston rod in the water cylinder was 
close to 100 bar at the start of the experiment. This is 
almost 30 bar more than in the case of the oil. During 
this transient period the shape of the pressure curve for a 
constantly increasing pressure was smooth. After 
obtaining a parallel position of the valve the pressure 
started to oscillate according to the oscillations of the 
spool in the proportional 4/3 directional valve. 
Approximately 1.2 s from the start of the measurement 
we could see a pressure peak of about 30% over the 
static pressure, which could be a consequence of the 
water-hammer effect.  

Figure 6.a Movement of the spool and pressure changes 
during the experiment without any mass – cycle in the 

oil PCH 

Figure 6.b Movement of the spool and the pressure 
changes during the experiment without any mass – cycle 

in the water PCH 

Experiments – with mass in the vertical position 

Fig. 7.a shows the movement of the oil spool and the 
piston rod of the cylinder during a loading cycle with 
the mass of 162 kg in the vertical position. It shows a 
regular, smooth curve when moving the spool. Similar 
to this curve is the curve for moving the oil cylinder’s 
rod. During the smooth movement of the curve of the 
piston rod of the oil cylinder we could see distinctive 
differences in the symmetry between the upward 
movements and downward movements of the piston rod. 
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Here we obtained an inverted unsymmetrical curve, in 
contrast to the case without mass (Fig. 5.a). The upward 
movement of the piston rod is nearly 56% less than the 
downward movement. 
Fig. 7.b shows the movement of the water spool and the 
piston rod of the cylinder during the loading cycle with 
the mass of 162 kg in the vertical position. The curve of 
the movement of the spool in the direction of the 
cross-shape position of the proportional water valve was 
smooth. The second curve, which represents the 
downward movement of the cylinder rod and the mass, 
has a major irregularity. The spool first moved regularly 
to its maximum position, but soon it started to oscillate 
with a low frequency of about 6 Hz. The reason for this 
could be the stick-slip effect or the key effect and 
uncontrolled amplification of the input signal during the 
regulation of the valve. The water cylinder rod and mass 
have the expected regular response during the 
movement of the valve spool.  

Figure 7.a Movement of the spool and the piston rod of 
the cylinder with the mass during the loading cycle in 

the oil PCH 

Figure 7.b Movement of the spool and the piston rod of 
the cylinder with the mass during the loading cycle in 

the water PCH 

Fig. 8.a shows the pressure response at port B on the 
movement of the control spool in the oil PCH part of the 
test rig with the loading mass of 162 kg. The pressure 
curve at port B shows a pressure peak at the start of 
moving the rod of the cylinder by about 10 bar around 
the working pressure. The maximum pressure when 
moving the piston rod in the oil cylinder with the mass 

was close to 82 bar at start of the experiment. 
Approximately 1.2 s after the start of the measurement 
we could see a pressure peak of about 20% more than 
the static pressure, which could be a consequence of the 
water-hammer effect. This effect was 12% higher than 
in the case without any mass. 
Fig. 8.b shows the pressure response at port B when 
moving the control spool in the water PCH part of the 
test rig with a loading mass of 162 kg. Approximately 
20 milliseconds after switching off the solenoid A, the 
pressure at port B increased up to 160 bar (absolute). 
After this the pressure decreased and oscillated up to 
125 bar. This is almost 80 bar higher than in the similar 
case with oil. The pressure difference from the start to 
the end of lifting up the cylinder rod and the mass was 
35 bar. In parallel with the oscillating of the movement 
of the spool was an oscillating pressure with a 
frequency of approximately 6 Hz and an amplitude of 
approximately 100 bar. In addition, we observed the 
water-hammer effect approximately 1.2 s after the start 
of the measurement. The effect amounted to 
approximately 190% over the static pressure. 

Figure 8.a Movement of the spool and the pressure 
changes during the experiment with mass – cycle in the 

oil PCH 

Figure 8.b Movement of the spool and the pressure 
changes during the experiment with the mass – cycle in 

the water PCH

DISCUSSION 

A new testing device for the study of water hydraulics 
was developed; this device enables studies with oil and 
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water in separate, but equivalent, systems under the 
same conditions. In this work we present some of our 
preliminary results.  
In general, if we compare the behaviour of the 
proportional 4/3 directional control valve for water (our 
design – specimen) with the standard proportional valve 
for oil with a similar gap between the spool and the 
sleeve we could see that the oil valve worked perfectly, 
as we would expect, but the water valve has some 
irregularity in the specific direction of the movement of 
the spool.  
If we compare Fig. 5.a and Fig. 5.b we see that the 
motion curve for the oil spool is smooth and similar to 
the input electrical signal (Fig. 4 and Tab. 1). 
Meanwhile, the motion of the water spool is 
coincidental. The spool for the water valve obviously 
blocked in a short time, and most of the time in a 
parallel-shaped position (downwards moving piston 
rod). Typically, it is blocked at the side of solenoid B, 
after approximately 1 second of testing (Fig. 5.b, 6.b, 
7.b and 8.b).  
These problems are probably linked with the small gap, 
the shape irregularity, the surface roughness and the 
poorer lubrication conditions in the water hydraulics 
compared to the oil system. However, the observed 
irregularity of the movement of the spool in the water 
hydraulic valve had almost no influence on the 
movement of the piston rod of the water cylinder, where 
the curves are similarly smooth to the case with the oil. 

CONCLUSIONS 

1. The motion of the spool is regular for oil, but 
unstable, probably due to stick-slip and/or grab, for 
water. 

2. The unstable motion of the spool in the water system 
does not result in the unstable motion of the cylinder, 
which remains similarly smooth and regular to the 
case with the oil. 

3. The pressure in the water system is, however, 
affected by the irregular motion of the spool, which 
seems to be influenced through the electric inputs, as 
well.

4. In the experiments with the mass, the irregularity of 
the water-spool motion remains, and is even more 
pronounced than when there is no mass. 

5. As expected, the water-hammer effect was much 
more pronounced with water than with oil. 

6. We observed a difference in the motion of the spool 
towards the cross-shaped position compared to the 
motion towards the parallel-shaped position. The 
reason is most probably in the small irregularities of 
the mechanical parts, rather than with the physical 
background, which will be investigated in the future. 
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ABSTRACT 

The load characteristics and control of water hydraulic system for water-assisted injection molding (WAIM) are 
investigated through modeling and simulation. WAIM is an innovative process to mold plastic parts with hollow 
sections, coming with big advantages: high production efficiency and quality at low cost. The load characteristic is 
complicated owing to physical properties of polymer, distribution of temperature, flow rate and water channel geometry 
etc. The load pressure and flow rate are investigated with CFD simulation. An accumulator and a supercharger are 
applied in the water hydraulic system which is modeled in MATLAB and developed in laboratory. A differential 
pressure control strategy is provided to regulate the water injection pressure by a proportional relief valve. PI control is 
used and the steady-state error of step response can be reduced close to zero with integral compensation in closed-loop 
control. Finally, slope control of injection pressure is studied based on the developed system in simulation. The aim of 
this study is to improve the control process of WAIM based on the new design and differential pressure control. In 
addition, this provides an application and practice of water hydraulic proportional control technology. 

KEY WORDS  

Water hydraulics, Water-assisted injection molding, Load characteristic, Pressure control 

NOMENCLATURE 

A : Area of piston 
AL : Cross area of internal cavity of mold 
BL : Visco-damping coefficient of load 
Cip : Inner leakage coefficient 
Cep : Outer leakage coefficient 
f : Static friction force of piston 
L : Length of the cavity-filling polymer 
m : Equivalent mass of load 
p : Pressure of chamber in cylinder and load 
q : Flow rate 
r : Radius of the cavity in mold 
T : Temperature of polymer 

x : Displacement of piston
e : Bulk modulus 
 : Coefficient of polymer viscosity 
 : Heat transfer coefficient 
 : Frequency of control link 

INTRODUCTION 

Water-assisted injection molding (WAIM) is a novel 
way to mold hollow plastic parts. When the water is 
injected into the molten regions of a part, cavities are 
generated and polymer melt is displaced to form a 
hollow core. It is similar to gas-assisted injection 
molding (GAIM), but has the advantages such as short 
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cooling cycle time, high quality of products and low 
cost, for the reason of the difference between water and 
gas[1~2]. Especially, WAIM can produce parts with 
larger void spaces or longer hollow sections than GAIM. 
It brings the applications of WAIM to a broad field of 
elongated parts such as automotive industry, office 
equipment, medical products and building materials [3]. 
The load characteristic is complicated and coupling with 
the flow rate and load pressure. The cavity filling 
process is investigated in a great many researches for 
GAIM but few in WAIM. The general method used in 
GAIM simulation is Hele-Shaw model and suitable to 
thin wall molding perfectly. However there is high Re 
region in the field of water and the thin-wall model is 
not suitable to large parts molding. It is necessary to 
involve turbulent calculation to model the couple 
relationship between load pressure and flow rate. The 
load characteristics are the basis of modeling and 
control of water hydraulic system for WAIM. 
In recent years, water hydraulic technology became a 
hot research area with an increase of concerns for global 
environment problems and mineral oil. Water hydraulics 
has some general benefits (e.g., environmental 
friendliness, non-flammability, easy availability, 
inexpensiveness) compared to oil hydraulics. The high 
bulk modulus, constant viscosity and low 
temperature-induced drift are praised highly in water 
hydraulic proportional control technique. However, the 
pressure impact in water hydraulic system increases 
with the high bulk modulus. Especially, the disturbance 
of flow fluctuation is serious in process of water 
injection and causes uncontrollable status frequently. 
Because of the seal and lubrication in components, the 
nonlinearity in water hydraulic control systems is much 
greater than oil systems. The static friction and leakage 
flow will cause large dead band and hysteresis as 
disturbance additionally [4, 5]. Hence, the precision of 
the pressure control of water hydraulic system is lower 
relatively compared with conventional oil hydraulics. 
This motivates to apply closed-loop control to improve 
the performance and capability to resist disturbance. In 
this paper, load characteristics and water injection 
process of WAIM are analyzed, based on which a new 
water hydraulic system with differential proportional 
pressure control and compound control of pressure and 
flow rate is developed. 

LOAD CHARACTERISTICS 

Analysis of Water Injection Process 

The whole work cycle in WAIM mainly contains five 
steps: polymer melt injection, water injection, 
maintaining pressure, drainage and part ejection, as 
shown in Fig. 1 [6]. To avoid turbulence in the area of 
the water injector, the recommendation is to adjust the 
pressure profile starting with low pressure and then 
increasing to higher pressure. Large flow is supplied at 

the same time. The process of WAIM is intermittent and 
the injection stage takes very short time, typically only 
one or two seconds, which is a moment within the 
whole work cycle. The pressure is maintained after 
water injection and the flow rate decreases from the 
total quantity to a very small level to supply the melt 
shrinkage. The problem about energy saving is how the 
large-flow injection assorts with the small-flow pressure 
maintaining in the whole cycle of WAIM.  

Figure 1 Load pressure profile of WAIM 

Certain parameters such as water injection time, 
pressure profile and temperature of the injected water 
play an important role in achieving high quality residual 
wall. The necessary water injection pressure depends on 
the flow resistance of the plastic material and the part 
geometry. When injected into the parts, water cools the 
polymer melt and increases the viscosity. The leading 
edge of the water forms a solid boundary or highly 
viscous membrane. The membrane forces molten 
material forward, instead of the polymer forcing the 
water to the side [7]. The process of WAIM involves the 
dynamic interaction of two very different materials 
(polymer melt and filling water), and strongly depends 
on the temperature due to viscosity-temperature 
performance of polymer. The necessary water injection 
pressure depends on the flow resistance of the plastic 
material and the part geometry. So the simplification of 
the cavity filling process is needed to get a linear model 
of load pressure and flow rate. 
CFD Simulation 

The viscosity of the load is considered. A 
Cross-Arrhenius model is suitable to model the 
viscosity characteristic of polymer melt cavity filling 
flow in molding injection. The equation is 

0
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Under the condition that temperature drops to a point 
T < Tg + 100 K, The Cross-WLF model shall be used as 
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Here B, TB, , *, C1 and C2 are parameters of the Cross 
model and are quite different between polymers. The 
apparent viscosity  is influenced by temperature, shear 
stain rate and pressure in injection. The load pressure p
can be given as 

2p L r        (4) 

Figure 2 The calculation field of CFD simulation 

There are three phases: water, polymer melt and air as 
shown in Fig. 2. A k –  turbulence model is used in the 
field of water and laminar in polymer melt. The 
effective heat transfer coefficient eff and turbulent 
viscosity t are written as 

Pr
p t

eff
t

C        (5) 

*
t

k         (6) 

where Cp, Prt, *, k,  are k –  model parameters. The 
flow front is solved by VOF model and PISO coupling 
format of velocity and pressure is applied in this 
unsteady calculation. Results of volume fraction, 
temperature and ratio of turbulent viscosity are shown in 
Fig. 3. These show small residual wall gained with 
simulation close to the experiment results [6, 8, 9]. The 
maximum of turbulent viscosity ratio max( t/ ) = 
1.38×103 is in a correct range. Temperature changes 
greatly on the interface between water and polymer melt. 
Results of the coupling between load pressure and flow 
rate are shown in Fig. 4.  

Figure 3 Cavity filling flow simulation for WAIM 

Figure 4 CFD simulation results of load characteristic 

Linear Model 

The pressure changes according to the flow rate as in 
Fig. 4 and the approximate equation can be written as 

2
L

L
L

Bp q
A

        (7) 

where BL is the equivalent visco-damping coefficient of 
load and can be given from the results of CFD 
simulation or WAIM experiments. 
Considering the load inertia, elasticity and viscosity, the 
load pressure can be estimated as transfer function 

2

2( ) L L L
L

L L

m s B s kPG s
Q A s

   (8) 

There are a restrictor of water injector and a throttle 
valve linearized as 

L tL LQ k P P       (9) 

where ktL is the pressure gain on flow rate of the throttle 
valve and injector. By Eq. (8) and (9), we obtain that 

2

2( ) L L L L
L

L L

P m s B s kG s
Q A s

      (10) 

where B L = BL + AL
2/ktL. The linear control model of the 

system can be built and simulated with this assumption 
of visco-elastic load. 

PRESSURE CONTROL 

The simple water hydraulic system including main 
components is shown in Fig. 5. The equilibrium point at 
{ p A0, pA0, pa0, Va0, qA0, pB0, pL0, p0, qL0} is investigated 
linearizing the accumulator, pressure cylinder, relief 
valve and throttle valves. 
Here only discharge process of the accumulator is 
investigated and this process is fast and suggested as  
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Figure 5 Main components and parameters 

adiabatic. Fluid is incompressible in contrast with gas. 
And no turbulent flow appears in the accumulator [10]. 
Based on these assumptions and linearization of 
compressing process of gas, the linear model of 
accumulator with inlet characteristic can be written as 

2

2( ) a a aA
A

A a

m s B s kPG s
Q A s

      (11) 

where 2
0 0a a a a ak n p A V and 2

0a a a tAB B A k . Here 
na, Aa, Ba0 and ktA respectively is polytropic exponent, 
area of cross section, visco-damping coefficient of 
liquid part and inlet pressure gain on flow rate of the 
accumulator, as well as pa0 and Va0 are the initial value 
of the pre-charge gas. The continuity of water flow and 
force balance equations for pressure cylinder can be 
written as 

1 2 3A B Lp A p A p A mx Bx f      (12) 

1 1

1
1 ( )A ip A B ep A A

e

Vq A x C p p C p p      (13) 

2 2

3
3 ( )L ip B L ep L L

e

V
q A x C p p C p p      (14) 

Non-external leakage consideration and Laplace 
transformation of these three equations yield 

2
1 2 3A B LP A P A P A ms X BsX F      (15) 

1

1
1 ( )A ip A B A

e

V sQ A sX C P P P       (16) 

2

3
3 ( )L ip B L L

e

V s
Q A sX C P P P       (17) 

In general, The transfer function of proportional relief 
valve can be regarded as a three-order system like 

2

2
2 12

2 1 1

B r

r

r rr

P k
U s ss

       (18) 

This proportional relief valve is the key component of 
the system. The accuracy is poor and need closed-loop 
control to improve performance. But the nonlinearity of 
hysteresis may lead to oscillation and compensation 
methods will be investigated in the future work. 
Let

1

1
1 ip

e

V sG C                  (19) 

2

2
2 ip

e

V sG C                  (20) 

Reduction the equations can yield the control structure 
of the model of whole system and built in MATLAB. 
The main parameters set in simulation are shown in Tab. 1 
and the Bode diagram is shown in Fig. 6. 

Figure 6 Bode diagram of the system 

Table 1 Main parameters for simulation 

Parameter Value Parameter Value 
ka 3.8 105 N/m B 39 kg/s 
Ba 1422 kg/s mL 3.2 kg 
Aa 0.015 m2 f 90 N 

e 1.6 109 Pa B’L 6 104 kg/s 
A1 0.012 m2 AL 0.002 m2

A2 0.006 m2
r2 40 rad/s 

A3 0.006 m2
r 0.7

m 31 kg r1 320 rad/s 

There are two differential links in the open-loop. 
Furthermore, the load pressure may not follow the input 
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signal. This is because there is accumulator and the back 
pressure of cylinder is controlled by relief valve. If no 
feedback was supplied to the input to tune the back 
pressure, such a constant command signal set, the 
accumulator would charge or discharge to change 
pressure to a new equilibrium point. 
Based on the static characteristic of force balance in 
pressure cylinder, a local feedback strategy for the 
differential pressure control is defined as 

1 3

2

fa Ak P A UA
U

A
               (21) 

where kfa is the gain of pressure transducer. The pressure 
of accumulator feedbacks to make the controller 
response following the pressure decrease and the load 
pressure be consistent with input. The structure of 
pressure control is improved and this simple controller 
is reliable, however, without any other compensation 
and load pressure feedback, a large error is obvious by 
reason of the resistance of throttle valves, injector, pipes 
etc.
A ‘0-type’ system is formed in the open-loop control 
with correction by Eq. (21). Integral compensation is 
necessary to be applied in the closed-loop controller. 
The gain kI of the integral part is requested as 

2I rk                (22) 

for the reason of the requirement of stability. As shown 
in Fig. 7, the steady-state error of step response can be 
reduced close to zero under this closed-loop control in 
theory. 
For slope control of the pressure when water is injected, 
steady-state error is decreased while kI is set to a large 
value as shown in Fig. 8. Nevertheless the stability and 
the capacity of resisting disturbance become poor. 

Figure 7 Step-response error with closed-loop control 

The load viscosity and elasticity change largely than 
inertia in WAIM from different polymers. The flow rate 
is greatly influenced by load characteristics as shown in 
Fig 9. And the load viscosity has relatively large influence 

Figure 8 Slope control for various gain of integrator 

Figure 9 Simulation results of load flow rate 

Figure 10 Step responses for different load viscosity 
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on pressure control. Also the slopes tend to be shallow 
along with the increase of elasticity. The curves may be 
flat as pressure becomes constant if the elasticity is 
small. Large elasticity makes flow rate decrease fast 
when the pressure is maintained. The serials of step 
responses for closed-loop control with different load 
viscosity are shown in Fig. 10. The damping ratio of the 
system increases as the visco-damping coefficient of the 
load decreases. This illustrates that high viscosity of the 
polymer melt makes the injection pressure fluctuate 
when a large input signal change occurs. This shall 
appear on the start and end of water injection. So a low 
slope or gentle start should be used to increase injection 
pressure when molding polymer with high viscosity. 

CONCLUSIONS 

In this paper, we presented a new control strategy with 
differential pressure control and energy saving applying 
accumulator. Through analysis of load characteristic and 
modeling of the pressure control system, we developed 
the closed-loop controller. 
The differences between polymer melts with load 
characteristic are great, especially the viscosity and 
elasticity. The coupling between load pressure and flow 
rate can be illustrated as linear relationship at aspect of 
viscosity and an assumption of linear model for WAIM 
load characteristic is provided. High viscosity leads to 
large oscillation and instability. The gain of the 
integrator should be reduced with high-viscosity 
polymer melt and a low slope or gentle start of 
command signal should be used to increase injection 
pressure when molding high-viscosity polymer. 
The linear model of the system is built and a ‘0-type’ 
system is discovered by the feedback of pressure at the 
accumulator. Based on the closed-loop control with 
integral compensation, the steady-state error can be 
reduced close to zero for step response besides the 
disturbance of nonlinear factors and load fluctuation. 
Large gain of integrator can be tuned for slope pressure 
control in WAIM to reduce the error. However, this may 
result in oscillation of pressure due to nonlinearity of 
water hydraulic valves. A fitting value of the gain shall 
be tested in the future experiments. The differential 
pressure control with pressure piston and accumulator is 
suitable to the work characteristic of WAIM. 
Further research is carried out experimentally. The 
coupling of load pressure and flow rate and pressure 
control performance will be measured and investigated.  
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ABSTRACT 

The goal of this paper is to detect internal leakages created by seal faults and also identify which seal is damaged from 
water hydraulic proportional valve using vibration and pressure signals which are analyzed using different data analysis 
methods. In this study water hydraulic spool valve is studied in a test system during extending and retracting strokes of 
cylinder while vibration and pressure signals from the valve are measured in normal and different fault situations. 
Feature extraction is performed using descriptive statistics and wavelet analysis to identify the most influential variables 
from the measured signals which are then used to classify the state of the system using Self-Organizing Maps (SOM). 

KEY WORDS  

Water hydraulics, proportional valve, vibration, pressure, condition monitoring 

NOMENCLATURE 

a : Acceleration [m/s2]
I : Current [A] 
m : Mass [kg] 
p : Pressure [bar] 
Q : Flow [l/min] 
t : Time [s] 
T : Temperature [˚C]
U : Voltage [V] 
v : Velocity [m/s] 
x : Position [m] 

INTRODUCTION 

Environmental friendliness of hydraulic systems can be 
increased by using different fluids instead of oil. Despite 
of its good properties water hydraulics have some 
challenges which need to be taken into consideration. 

The component technology is rather undeveloped when 
compared to oil hydraulics. In water hydraulic systems 
there are usually difficulties concerning wear and 
corrosion of components and also sticking of valves and 
other components. This requires on-line condition 
monitoring of the components and fluid as well. 
Condition monitoring of hydraulic systems is based on 
measurements from these systems and especially 
deviations in these measurement variables. Different 
measurement variables are more sensitive than others to 
show early changes in state of the system and 
components. In this study vibration and pressure signals 
are used as an indicator of systems health state and the 
sensitivity of these different measurement variables are 
compared while final classification result is used as a 
criterion. Pressure signals are more often used in 
condition monitoring of control valves than vibration 
signals. Vibration signals are instead often used to 
monitor rotating components like a pump or a motor [1, 
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8, 11]. But there have also been research for monitoring 
other hydraulic components using vibration 
measurements. For example in [11] the condition of 
seals of hydraulic cylinders are studied using vibration 
measurements. 
Neural network research has been very active for 
several years and there has also been interest in neural 
network applications to fault diagnosis problems [1, 5, 6, 
8, 10]. Neural network is one possible method which is 
suitable for classifying different system states of the 
water hydraulic components. Usually all the damages 
are not known before diagnostics, therefore neural 
network method Self-Organizing Maps with 
unsupervised learning are used in this study [2, 6]. Since 
this type of neural network can perform non-linear 
functional mapping between sets of variables they can 
be used to classify raw input data directly [6, 10]. But it 
is important to preprocess any raw and/or dynamic data 
before classifying them to improve the performance of 
the classifier. In this study measurement signals are 
preprocessed using descriptive statistics and wavelet 
analysis.

STRUCTURE OF THE TEST SYSTEM 

In this study a water hydraulic proportional valve is 
studied in a test system during extending and retracting 
strokes of cylinder while vibration and pressure signals 
are measured in normal and different fault situations. 
The hydraulic circuit of the test system is presented in 
Fig. 1.  

Figure 1 The hydraulic circuit of the test system 

The studied water hydraulic proportional valve is 
4/3-way spool valve which is modified from a 
pneumatic on/off valve and it is designed for 
low-pressure water hydraulics. The position of the spool 
is measured by a LVDT sensor and the measured signal 
is used as a feedback signal for a PI-controller. [9] 
The dSpace DS1102 controller board was used to 
control the proportional valve and to measure all 
variables except the acceleration. It was also used to 
trigger the acceleration measurements when the control 
sequence starts. The acceleration signals were measured 
with IMC Cronos PL measurement device. 
An axial displacement pump with maximum delivery of 
10 l/min (1500 rpm) is used in the system and the size 
of the double-acting cylinder is 32/16-500. The supply 
pressure is 30 bar but also up to 70 bar pressure levels 
have been tested with this valve. The load used in 
testing was 70 kg. 
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Figure 2 An example of cylinder position and control 
signal of the control valve from the extending and 

retracting strokes 
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Figure 3 An example of spool position and reference 
from the extending and retracting strokes 

The cylinder is driven in a specified sequence using 
programmable position limits. After the limit is 
exceeded the control signal of the control valve is 
driven to zero using a specified ramp. The upper limit 
used in the test system is 300mm when the cylinder is 
extending and the lower limit 200mm when the cylinder 
is retracting. The starting point of the stroke is where the 
cylinder has stopped last time. An example of cylinder 
position and control signal of the control valve in the 
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extending and retracting strokes of the cylinder are 
shown in Fig. 2 and spool position and reference signal 
in Fig.3. 

Monitored component and fault type 

The potential fault type in the studied proportional valve 
is increased internal leakage. The construction of the 
valve is such that the spool is inside a sleeve that is 
mounted in the body of the valve and between the 
sleeve and the body are o-ring seals [9]. If these o-rings 
are damaged the result is increased internal leakage 
between the ports of the valve. This kind of fault type 
can be caused by deterioration of the seal material or 
poor assembling of the spool sleeve into the valve. The 
used spool sleeve with the seals and an example of a 
faulty seal are shown in Fig. 4. In Fig. 5 is shown a 50x 
magnification of a seal fault.  

Figure 4 The spool sleeve of the valve and a seal fault 

Figure 5 An example of seal fault (50x) 

In this study a seal fault in the spool sleeve of the valve 
has been used as a fault case. The used proportional 
valve has a spool sleeve with six seals and four of them 
are of interest in this study. The outermost seals are only 
for sealing the drain line from the tank line and do not 
affect the behavior of the system. Therefore, the 
outermost seals are not used in this study. The effects of 
the seal faults in these seals are investigated one at a 
time. The studied seals are numbered 1 to 4 (S1 to S4) 
starting from the spring end of the valve and the fault 
situations are 1 to 4 equally. At non-controlled state the 
cylinder tends to crawl slowly when S2 or S3 is 
damaged. In the earlier study [4] differences between 
the velocities of the sequences could be seen between 

the normal and the fault situations. A same phenomenon 
is not possible to see in the present system during the 
sequence because of a low pressure level, small load 
and the cylinder is driven horizontally. In [4] the 
cylinder was driven in vertical direction. 

Measurement methods 

Acceleration sensors were used to measure the 
vibrations of the proportional valve during the 
extending and retracting strokes of the cylinder and 
pressure sensors were used to measure the pressure from 
the actuator ports A and B. The locations of the sensors 
can be seen from Fig. 1.   
The model of the pressure sensors is Trafag 8891 NA 
100.0A. This type uses a thin film strain gauge 
technology. The pressures of the cylinder chambers 
were measured with similar sensors.  
The accelerometers exploited were IMI Sensors 603C11 
and Kistler 8702B50M1. The frequency range of both 
sensors is 0.5 Hz to 10 kHz and the resonant frequency 
25 kHz and 54 kHz respectively. The signal processing 
of the measurements was conducted by using a 15th 
order Chebyshev band-pass filter. The lower and upper 
cut-off frequencies were 2 Hz and 20 kHz respectively. 
The final selection of the two ICP sensors was the IMI 
Sensors industrial grade accelerometer due to the final 
classification results compared to the other 
accelerometer, better mechanical structure, low-cost 
price and robustness, which are essential in every day 
use in final applications. 
Training and testing data 

Training and testing data for use in classification are 
measured from the test system. The test system is run in 
normal and four fault situations (four different seal 
faults) in the extending and retracting strokes. The 
measured variables are pressures A and B from the 
actuator ports and acceleration which is measured from 
the other end of the valve in axial-direction of the spool 
of the valve (see Fig. 1). The measurement time in the 
extending stroke is 2.0s and 1.6s in the retracting stroke. 
The same sequence is measured 10 times in each case 
for both directions so the total amount of sequences is 
100. The measurement frequency with the pressure 
measurements is 1 kHz and with the acceleration 
measurements 20 kHz. Multiple sequences are driven 
because this way it is possible to improve the 
generalization of the network when new data is 
presented to the network. 
In Fig. 6-7 are shown examples from the pressure 
measurements. From the figures can be seen how some 
of the normal and faulty measurement points are very 
close to each other especially in the middle of the 
sequence. That is why the whole sequence is classified 
here as a normal or fault state instead of classifying each 
measurement point like in [3]. Biggest differences can 
be seen in the beginning and at the end of the sequence. 
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Figure 6 An example of pressure A from the actuator 
ports from the extending and retracting strokes  
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Figure 7 An example of pressure signal B from the 
actuator ports from the extending and retracting strokes  
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Figure 8 An example of vibration signals from the 
extending stroke (normal and fault situation 2) 

In Fig. 8-9 are shown examples from the vibration 
measurements in the normal and fault situation 2 in the 
extending and retracting strokes. In the figures are 
shown the time and frequency domain of the vibration 
signal. Deviations from the normal situation are easier 

to detect from the frequency domain than from the time 
domain. In this study the entire measured frequency 
area 2 Hz - 10 kHz is used in the data analysis. Studying 
the effect of using different frequency areas in data 
analysis to improve the classification results are left 
outside the scope of this paper. 
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Figure 9 An example of vibration signals from the 
retracting stroke (normal and fault situation 2) 

FEATURE EXTRACTION OF THE 

MEASUREMENT DATA 

Preprocessing of the measurement data usually involves 
extracting relevant and discriminating information and 
in so doing reducing data dimensionality. This process is 
often called feature extraction. [4, 7] 
It is important to preprocess any raw and/or dynamic 
data before classifying them to improve the network 
performance [4]. Two different type of feature 
extraction methods are exploited in this study which are 
descriptive statistics and wavelet analysis. 
Descriptive statistics 

Descriptive statistics are used to describe the basic 
statistical features of the data in a study. In this study 11 
different statistical values were extracted from both the 
pressure and the vibration signals to get relevant 
information for classification. These are: arithmetic 
mean, median, standard deviation, mean deviation, 
variance, rms, skewness, kurtosis, maximum, minimum 
and sum.  
Wavelet analysis 

The basic idea of wavelet analysis is to adopt a wavelet 
prototype function, called an analyzing wavelet or 
mother wavelet. In the wavelet analysis original 
measured signal is broken up into shifted and scaled 
versions of the analyzing (or mother) wavelet.  In this 
study analyzing/mother wavelet which was used is 
Daubenchies (db2). Because the original signal or 
function can be represented at certain accuracy using 
only approximation coefficients, data analysis can be 
performed using just the wavelet coefficients [7]. 
In the extending stroke 65 coefficients are extracted 
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from both pressure signals and 315 from the vibration 
signal. In the retracting stroke 52 coefficients points are 
extracted from both pressure signals and 252 from the 
vibration signal. 

CLASSIFICATION OF THE EXTRACTED 

FEATURES 

Different system states (normal and four fault states) are 
classified using Self-Organizing Maps. The extracted 
information from the pressure and vibration signals is 
used as inputs to the network.  
Self-Organizing Maps 

The Self-Organizing Maps (SOM) is a neural network 
method which can represent any functional relationship 
between inputs and outputs. The SOM uses 
unsupervised learning where network learns by 
evaluating the similarity between the input patterns 
presented to the network and perform some kind of 
clustering operation where they categorize the input 
patterns into a finite number of classes [4]. Training 
algorithm and more details of the Self-Organizing Maps 
are presented in the earlier publications [3, 4]. 
In this study the SOM is first trained to detect the state 
of the system which is either normal or fault and only 
the data from the normal situation is used in the training. 
So the analysis is concentrated on finding the properties 
of the normal data and the appropriate means to identify 
the deviations from the normal situation [2, 10]. After 
the fault states of the system have been identified then 
the network can be used to identify a specific fault from 
the measurement data. Here also the data from the fault 
situations are used in the training. 
Classification of the system state 

The number of map units in this situation is 4 x 3. The 
size of the map is quite small but it is not necessary to 
use a bigger one because it does not make the results 
any better and it also slows down the calculation [4]. 
Five sequences from the normal situation are used in the 
training and five sequences from each system state 
(normal + 4 x fault) are used in the testing.  
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Figure 10 Classification results from extending stroke 

In Fig. 10-11 are presented the classification results of 
the system state. From the results can be seen that 
almost all the sequences are classified correctly. When 
the pressure signal is used as an indicator of the system 
state all the states are correct but when the vibration 
signal is used there are few wrong classified states in 
both situations (extending and retracting strokes). 
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Figure 11 Classification results from retracting stroke 

Classification of the fault situations 

The number of map units used in this situation is 5 x 2, 
4 x 3 or 3 x 3. Five sequences from each system state 
are used in the training and other five from each system 
state in the testing. In Fig. 12-13 are presented the 
classification results of the specific faults situations. 
Most obvious result is that the pressure signal gives 
much better classification results than the vibration 
signal. In extending stroke especially the seal faults S2, 
S3 and S4 were quite hard to classify regardless of the 
feature extraction method. For example the 
classification result for S3 is 0 % when the descriptive 
statistics were used in feature extraction. The wavelet 
analysis seems to be a little better feature extraction 
method in the extending stroke.  
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Figure 12 Classification results from extending stroke 

In the retracting stroke the difference between the 
pressure and the vibration is even bigger than in the 
extending stroke. Only in cases N/statistics and 
S1/wavelet the vibration signal is as good as the 
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pressure signal. Again S2, S3 and S4 were hard to 
classify using the vibration signal. In the retracting 
stroke the descriptive statistics were overall as good as 
the wavelet analysis in feature extraction. 
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Figure 13 Classification results from retracting stroke 

CONCLUSION 

The main goal of this research was to detect internal 
leakages created by seal faults and also to identify 
which seal is damaged from the water hydraulic 
proportional valve using the vibration and the pressure 
signals which were analyzed using different data 
analysis methods. 
Descriptive statistics and wavelet analysis were used to 
extract information rich features from the pressure and 
vibration signals which were then used in classification 

of the system state. 
The SOM is first trained to detect the state of the system. 
When only normal state was used in classification and 
state was classified either normal or fault almost all the 
sequences were classified correctly with pressure and 
vibration with both feature extraction methods. 
After the fault states of the system were identified then 
it was possible to use the network to identify the 
specific fault from the measurement data that have not 
been presented to the network before. In this case also 
data from the fault situation were used in the training of 
the network. Here the classification results were much 
better when the pressure signal was used instead of the 
vibration signal. The differences between the feature 
extraction methods are not so high than with the 
measurement variables. 
Preprocessing of the measurement data needs more 
research so that the best statistical values are found and 
right amount of wavelet coefficients are extracted. In the 
measurements there were also changes in the vibration 
signal in different measurement times when the 
conditions were the same so more measurements needs 
to be done so that reliable results can be achieved. Also 
different frequency areas need to be studied more 
carefully.  
In this study the vibration signal was measured only 
from one direction. Combining this with two other 
axial-directions can also give better results. Also effect 
of different load situations needs to be studied 
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ABSTRACT 

This study deals with a computer system for measuring flow rate of tap water flowing in a rigid pipeline in a 
non-contact method by using an acoustic emission (AE) sensor placed on a surface of a pipeline. The acoustic emission 
generated by tap water flowing at a constant flow rate in a pipeline is caught by the AE sensor experimentally, and the 
corresponding output of the AE sensor is converted to a root mean square (RMS) value. It became clear that the relation 
between flow rate and the corresponding RMS value can be expressed as a quadratic curve with good approximation. 
This quadratic curve is used as the calibration date for measurement of flow rate.  A prototype of a flow rate measuring 
system based on a computer was constructed by taking account of the calibration data. It is shown in the experiment 
that the flow rate more than 3.2 l/min can be measured by using the measuring system proposed in this study.  

KEY WORDS 

Flow Rate Measurement, Pipeline, AE Sensor, Signal Processing, RMS Value 

INTRODUCTION 

A measurement of a fluid flow rate is very important to 
get necessary data for designing or manufacturing a 
process system and a fluid mechanical system. In this 
study a method to measure a fluid flow rate in a pipeline 
using AE sensor is proposed. A measuring system based 
on this method has advantages to be cheap and be able 
to measure with noncontact. In this method an AE 
sensor is installed on the outer wall of a pipeline. The 
AE sensor detects the acoustic vibration generated by 
tap water flowing in the pipeline and it outputs the AE 
signal corresponding to the flow rate of tap water in the 
pipeline. A signal processing method of the AE signal is 

developed to measure the flow rate and an automatic 
measurement system of the flow rate is constructed. The 
flow rate more than 3.2l/min can be measured in this 
system. The effectiveness of a prototype flow rate 
measuring system based on the method proposed in this 
study is confirmed in the experiment. 

PROPOSAL OF MEASUREMENT METHOD 
USING AE SENSOR  

Figure 1 shows a concept of a fluid flow rate 
measurement method proposed in this study. An AE 
sensor, which is used to detect acoustic vibration to 
occur by breaking of materials in general, is installed on 
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the outer surface of a steel pipe as shown in Figure 2. 
This AE sensor detects acoustic vibration to occur by 
tap water flowing in the pipeline, and we use 
Root-Mean-Square (RMS) method as a signal 
processing to obtain the corresponding flow rate from 
the AE output signal.   

Figure 1 Concept of flow rate measurement 

EXPERIMENT 

Experimental Apparatus 
Figure 3 shows the outline of the experimental 
apparatus used in this study. This experimental 
apparatus consists of a fluid source, a steel pipeline, a 
flowmeter for flow rate calibration, an AE sensor, some 
amplifiers, a high pass filter, a RMS circuit and a PC for 
collecting date and a data analysis. The fluid used here 
is a tap water, and the flow rate is temporally constant. 
The proposed measurement method can be considered 
an indirect measurement method, because an AE sensor 
has an inherent frequency characteristics, and the output 
signal of the AE sensor are effected by the mounting 
conditions between the AE sensor and the pipe, and the 
transmission characteristics of sound. Accordingly, the 
result of the measurement in our proposed measurement 
system must be calibrated by a precise flowmeter for 
flow rate calibration. 
Experiment and results 
Figure 4 shows an output waveform of the AE sensor at 
the flow rate Q of 7.3l/min, and it is found that various 
frequency components are included in it. The output 
waveform of the RMS circuit is shown in Figure 5, 
when the output waveform of the AE sensor is given to 
the RMS circuit, and the RMS value is almost constant 
during measurement time. This experimental result   
that a constant RMS value corresponding to a constant 
flow rate can be gotten shows the possibility of the flow 
rate measurement by using the AE sensor. Then, the 
corresponding RMS value was obtained experimentally 

Figure 2 Installation of AE sensor    

Figure 3 Experimental system of flow rate measurement 

at each constant flow rate Q. The high pass filter in
Figure 3 is removed in this experiment, and the signal 
processing system shown in Figure 6 is used. The 
experimental result is shown in Figure 7, and it is found 
that the RMS value increases almost in a quadratic 
function corresponding to the increase of the flow rate 
in the flow rate Q>5l/min. On the other hand the change 
of the RMS value corresponding to the change of the 
flow rate can not be found in the flow rate Q<5l/min, 
and it can be considered that the electric noise with the 
frequency of 50 Hz is this cause. So, the high pass filter 
with the cut off frequency of 80 Hz was inserted as 
shown in Figure 8 in order to remove the electric noise, 
and the gain of the main amplifier was readjusted twice. 
Under these conditions the relation between the flow 
rate and the RMS value in the flow rate Q<5l/min was 
obtained experimentally. The experimental result is 
shown in Figure 9 and its relation shows almost the 
same tendency as that in Figure 7. The following 
matters became clear from these experimental results. 
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(1) The RMS value of the output AE signal increase in a 
quadratic function, corresponding to the increase of the 
flow rate in the flow rate Q>3l/min, and the possibility 
that the flow rate can be obtained from the RMS value 
was found. 
(2) The measurement of the flow rate is currently 
difficult in the flow rate Q<3l/min. 

Figure 4 Output signal of AE sensor in Q=7.3[l/min ] 

Figure 5 Output signal of RMS circuit in Q=7.3[l/min ] 

Frequency Analysis of AE signal 
The frequency analysis of the AE signal caused by the 
fluid flow in the pipe was performed by using FFT in 
order to find the possibility of the flow rate 
measurement in the flow rate Q<3l/min. The conditions 
on the FFT analysis are as follows. 

Frequency range : 20 kHz 
Sampling frequency : 51.25 kHz 
Window function : Rectangular window 
Flow rate Q : 0l/min, 3l/min, 7l/min 

Figure 10 shows the analytical results, and it became 
clear that the frequency components from 1 kHz to 3 
kHz centering around 2 kHz are dominant. When 
focusing on the amplitudes at the frequency of around 2 
kHz in the flow rate Q=3l/min and Q=7l/min, the 

Figure 6 Basic signal processing system of 
measurement  

Flow rate Q [l/min]

R
M

S 
va

lu
e 

of
 A

E
 o

ut
pu

t
sig

na
l [

V
]

Figure 7 Relation of flow rate and RMS value in use of 
basic signal processing system  

Figure 8 Modified signal processing system  
(High-pass filter insertion) 
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Figure 9 Relation of flow rate and RMS value of 
AE output signal in medium flow rate region 

focusing on the amplitudes at the frequency of around 2 
kHz in the flow rate Q=3l/min and Q=7l/min, the 
amplitude in Q=3l/min reduces to 1/10 of the amplitude 
in Q=7l/min. Since the amplitude reduces rapidly as the 
focusing on the amplitudes at the frequency of around 2 
kHz in the flow rate Q=3l/min and Q=7l/min, the 
amplitude in Q=3l/min reduces to 1/10 of the amplitude 
in Q=7l/min. Since the amplitude reduces rapidly as the 
flow rate reduces as stated above, S/N of the AE signal 
reduces so small in Q<3l/min, and this makes the 
measurement of flow rate in Q<3l/min difficult. A 
solution to make the measurement in Q<3l/min possible 
may be to reduce the disused frequency components 
except 1 kHz to 3 kHz by using band pass filter.  

CONSTRUCTION OF FLOW RATE 
MEASUREMENT SYSTEM 

A flow rate measurement system based on a computer to 
measure automatically a flow rate by using the method 
proposed in this study was constructed. 
Derivation of Calibration Curve of Flow Rate 
The flow rate is classified in the large flow rate region
(Q>5l/min), the medium flow rate region 
(5l/min>Q>3l/min) and the small flow rate    region 
(Q<3l/min) in our measurement system. The relation 
between flow rate and RMS value in large flow rate 
region was shown in Figure7, and the relation in the 
medium flow rate region in Figure 9. The flow rate 
measurement in the small flow rate region is difficult 
presently. For constructing an automatic measurement 
system the flow rate has to be determined from the 
measured RMS value. In this study the relation between 
the RMS values and the corresponding flow rates was 
approximated by a quadratic curve, using least square 
method. The obtained quadratic curves express as 
follows. 

Figure 10 Power spectrum of AE 
(Q=0, Q=3, Q=7)

Large flow rate region :  

15.3Q86.0Q09.0V 2
RMS (1) 

Medium flow rate region :  

52.5Q57.3Q69.0V 2
RMS   (2) 
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The experimental results and the quadratic curves in the   
large flow rate region and the medium flow rate region 
are shown in Figures 11 and 12, respectively. The 
quadratic curve in the large flow rate region coincides 
well in the flow rate ranges more than 5l/min with the 
experimental results. Similarly, the quadratic curve in
the medium flow rate region coincides well in the flow 
rate ranges more than 3l/min with the experimental 
results. Therefore, the flow rate can be obtained from 
the measured RMS value (VRMS) as follows. 
Large flow rate region :  

78.4+
18.0

74.0+)15.3(36.0
= RMSV

Q     (3) 

Medium flow rate region :  

59.2+
38.1

74.12+)52.5(76.2
= RMSV

Q      (4) 

Prototype of Flow Rate Measurement System 
The flow rate measurement system includes the three 
kinds of processes as follows. Basically, in our system 
the flow rate is obtained from the measured VRMS and Eq. 
(3) or Eq. (4), and the measured VRMS and the flow rate 
are displayed on a screen. 
(1)Process in large flow rate region : 

The signal processing system shown in Figure 6 is 
used, and this process becomes the initial state in 
this measurement system.  
As the flow rate belongs to the large flow rate 
region, as shown in Figure 11, when VRMS >1.10, 
the flow rate can be obtained from Eq. (3).  

(2) Process in medium flow rate region :  
As the flow rate belongs to the medium flow rate
region, when VRMS <1.10 in the above process 
(1),the signal processing system is changed to flow 
rate in medium flow rate region from Figure 6 to 
Figure 8 automatically, and the flow rate can be 
obtained from measured VRMS and Eq. (4). 

(3) Process in small flow rate region :  
As the flow rate belongs to the small flow rate 
region, when VRMS <0.91 in the above process (2), 
the flow rate can not be measured in this state, and  
“Unmeasurable“ is displayed on the screen. 

The basic flow chart for the prototype of the flow rate 
measurement system is shown in Figure 13. Figure 14 
shows the signal processing system which switches over 
from the process of the large flow rate region to the 
process of the medium flow rate region. The electric 
relay in Figure 14 is connected to point of contact [1]
the initial state for measurement. When the measured 
VRMS <1.10, the electric relay is connected to point of 
contact [2] by the operating voltage of 5 V generated 
from PC, and the process in large flow rate region shifts 
to process in the medium flow rate. Figure 15 shows an  
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Experimental data Least square method

Figure11 Calibration curve of RMS value of  
AE output to flow rate in large flow rate region 

Flow rate Q [l/min]

R
M

S 
va

lu
e 

of
 A

E
ou

tp
ut

 si
gn

al
[V

]

Experimental data Least square method

Figure 12 Calibration curve of RMS value of AE output  

indication screen of the flow rate in the flow rate 
measurement system. The measured VRMS is displayed 
on a part of “Input voltage” on the left of the screen, and 
the flow rate obtained from VRMS is displayed on a part 
of “Flow rate” in the lower right of the screen. The 
insertion state of 80 Hz high –pass filter is displayed on 
a part of “Filter” of the right side of “Input voltage” by 
on/off lamp. In case of small flow rate region 
“Unmeasurable” is displayed on a part of “Error” in the 
lower left of the screen. 

CONCLUSIONS 

In this study a flow rate measurement method using AE 
sensor is proposed and a prototype of the flow rate 
measuring system based on the method is constructed. It 
is found that the flow rate measurement is possible in 
the flow rate region of 3.2l/min 7l/min in this system.  
However, the improvement of S/N is necessary to 
measure the flow rate in the small flow rate region less 
than 3l/min. 
This work is supported by JST as part of their R & D. 
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Figure 13 Flow chart of AE output and flow rate 
collation 

Figure 14 Flow rate process system in stationary flow 
rate

Figure 15 PC screen of flow rate process system 
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ABSTRACT 

The objective of work described in this paper is to propose a new method of measuring gas leakage for pneumatic 
industry. The measurement is enabled by employing standard flow. Standard flow is used to determine the internal 
volume of the measured equipment. An algorithm is formulated to describe, to the extent possible, the relationship 
between gas leakage and standard flow. This measurement method deviates from the theoretical leakage values by less 
than 5%, and shows a good precision and scope compared with the traditional flow measurements. In addition, the 
proposed parallel connection based on standard flow makes easy operation and fast measuring possible, thus promising 
new area of application for pneumatic equipments.  

KEY WORDS  

Gas Leakage, Parallel Connection, Standard Flow 

 NOMENCLATURE 

G : Massive flow rate             [kg/s]
k  : Kapper                     
m : Air mass                              [kg] 
P : Internal pressure in pipeline of equipment   [Pa] 
Pa : Atmospheric pressure   [Pa] 
Pf  : Reference pressure for standard flow      [Pa] 
Q : Volumetric flow rate   [l/min(ANR)]
R : Ideal gas constant                 [J/(k s)]
Se  : Effective area                     [m2]
t : Time                                  [s] 
V : Internal volume                        [m3]

 : Air temperature                         [K] 
 : Atmospheric temperature                 [K] 

: Air density                         [kg/m3]
Suffix: 
l : Leakage without Standard flow 
s : Standard flow                     
sl  : Leakage with Standard flow                   

1. INTRODUCTION 

Today, compressed air has been widely used in 
industrialization since 1980s, because of cleanness, 
low-cost and easy maintenance of compressed air 
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systems[1]. Compressed air systems are consuming 
approximate 5 percent of the total supplied electricity in 
china which reaches to two hundred billion kWh/year.
But the consumption of gas leakage takes up to 
10-50%[2]. Compared with traditional flow meters, the 
meter using the proposed new method can be connected 
parallel to the equipment to detect leakage in the 
equipment automatically. The relative measurement 
error can reach to less than 5%. So this method can be 
largely used for pneumatic equipment. 

2. MEASURING PRINCIPLE 

The Fig.1 shows the measuring circuit which includes a 
standard flow circuit.  

Figure 1 Measuring circuit 

Based on thermodynamics, the state equation of 
compressible air in a chamber can be written as  

PV mR                                (1) 

When leakage happens, the following equation is 
derived by differentiating Eq.(1): 

l
ldP d

V G
dt dt

R mR                       2

Where G is negative during discharging, and vice versa. 
To eliminate the temperature effect on the dynamic air 
pressure, it is necessary to wait until the temperature in 
equipment become constant after charging[3][4]. So the 
temperature in equipment can be considered as 
atmospheric temperature during the measurement. So 
the equation obtained from Eq. (2) is  

lV G a
dP

R
dt

l                 (3)

The volume V varies from different equipments and 
pipelines. To void the uncertainty of V, we design a 
standard flow circuit which includes three solenoid 
valves. For the volume of solenoid valve is far smaller 
than that of pipeline in equipment, when the standard 
flow circuit works, Eq. (3) can be written as  

( )l s aV G GsldP
R

dt
(4)

When leakage happens in the pipeline, compressed air 
flow through orifice with high speed, the heat can not 
transfer completely at all.So it can be considered as 
one-dimensional isentropic flow. For the downstream 
pressure of leakage passage equals to the atmospheric 
pressure, the mass flow rate can be expressed as Eq.(5): 

eG S PB (5)

Where B are: 
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For Pa/P < 0.528, leakage flow rate is proportional to 
internal pressure, and we can get the Eq.(6): 

1
1

1
1

2

1

2

1

l el
a

es
a

s f

G S P
R

G S
R

l

P

(6)

In Fig.2, the simulation shows how the internal pressure 
in equipment pipeline changes during leakage, Where R
=287, k,V=20L,Pf =0.5MPa, Gl= -0.987×10-3kg/s,
Gs1=-0.3957×10-3kg/s,Gs2=-0.987×10-3kg/s,Gs3=
-2.0×10-3kg/s.
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Figure 2 Pressure Change in the Leakage 

In the state of leakage, the average internal pressure can 
be expressed by Eq.(7): 

1

1

1

1

2

1

2
( )

1
a

a

l
el l a

sl
el es sl a

dP
V S P R

dt R

dP
V S S P R

dt R

      (7) 

Eq.(7) can be further expressed as Eq.(8) : 

1

1
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2
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ld lb el a l
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     (8) 

Based on Eq.(6) and Eq.(8) ,leakage flow rate at P1 can
be written as Eq.(9): 

)( 1
ln( / )

ln( / )

s l
l

l sld slbf

sl ld lb

G
G

P

P P P

P P

t
t

               (9) 

Where Psld: Internal pressure during leakage with 
standard flow at the end time, Pslb: Internal pressure 
during leakage with standard flow at the beginning 
time, Pld: Internal pressure during leakage without 
standard flow at the end time, Plb: Internal pressure 
during leakage without standard flow at the beginning 
time. 

3. EXPERIMENT APPARATUS 

The measuring circuit is shown in Fig.3. The pilot valve 
A and standard vale 1, 2 and 3 are all controlled by PC. 
The orifice of standard valve is 3 mm, and its maximum 
pressure can reach to 1.0MPa. The volume of chamber 
is 30L. The maximum measurement pressure of 
pressure sensor is 1.0 MPa , and the measurement error 
can reaches to 0.5%. Leakage flow is controlled by a 
control valve which provides maximum rate 
1000l/min(ANR) at 0.6MPa. Real-time pressure signal 
in the pipeline is gathered by PC. When leakage 
happens, pressure in equipment will decrease. After 
standard flow happens, a different differential pressure 
will occur accordingly. Leakage flow rate can be 
calculated with two differential pressure changes. 
The measuring program is ruled by the following steps: 
i) Charge air into the pipeline, and then wait until the 

temperature recover to the room temperature. 
ii) Close the standard flow circuit, then measure the 

internal pressure in equipment pipeline P1b P1d
and leakage period tl .

iii) The standard flow circuit will work automatically 
and measure the internal pressure in equipment
pipeline Pslb Psld  and leakage period tsl,.

Figure 3 Leakage Flow Measuring Circuit Based on 
Standard Flow 

4. RESULT AND DISCUSSION 

Based on the measuring principle and experiment 
apparatus, experiments have been carried out for the 
different leakage flow. The measurement result is shown 
in Table.1. For a pressure wave effect to the pressure 
sensor when standard flow happens, there will be a 
sudden drop in the pressure curve in figures below. The 
internal meter pressure data in experiment with 
sampling frequency 40 HZ are shown in Fig.4 and Fig.5. 
The Standard leakage flow rate in Fig.4 equals to 
-365[l/min(ANR)] at 0.6MPa, and in Fig.5 equals to 
-114[l/min(ANR)] at 0.6MPa. 
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Figure 5 Source pressure in Standard Leakage  

5. CONCLUSION 

In this paper, a measurement method with parallel 
connection for gas leakage flow based on standard flow 
is developed. The relative error has been proved to be 
less than 5%. Compared with traditional method, it can 
be connected to equipment pipeline easily which 
promises the extensive use in pneumatic industry.  
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Table 1 Measurement result Table 

Leakage No. Leakage Flow 
[l/min(ANR)] 

Standard Flow 
[kg/s] 

Measure Flow 
[l/min(ANR)] 

   ERROR 
[%] 

Pf
[MPa] 

N0.1 -460 -365 -440.532 4.23 0.6 

N0.2 -210 -365 -217.692 3.66 0.6 

No.3 -80 -114 -77.2415 3.44 0.6 

No.4 -60 -114 -61.007 1.66 0.6 

No.5 -36 -114 -35.347 1.81 0.6 

No.6 -20 -114 -19.380 3.10 0.6 
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ABSTRACT 

In industry, an unsteady flow rate measurement of gases is becoming important increasingly. Our group has been 
developed an unsteady flow generator with an isothermal chamber for gases and showed that the calibration of the 
dynamic characteristics for the tested flow meter was effective. However, not only the measurement of the 
instantaneous flow rate value but also the evaluation of the time mean value in the unsteady flow becomes important in 
industry. And it was difficult to control precisely the time mean value of the generated flow rate using the former 
unsteady flow generator which we developed. In this research, to improve the precision of the generated flow rate with 
the unsteady flow generator, we suggest the inlet flow rate control method with the sonic nozzle and the high precise 
pressure control system and apply this method to the developed generator. Moreover, we perform the experiments and 
uncertainty analysis and confirm the effective of the suggested method. 

KEY WORDS  

Unsteady Flow Generator, Flow rate control, Precise pressure control, Flow rate measurement 

NOMENCLATURE 

A:  Area of nozzle throat        [m2]
b:  Critical pressure ratio       [-] 
f:  Frequency           [Hz] 
fd:  Time constant          [s]
G: Mass flow rate         [g/s] 
Gref: Reference of Generated mass flow rate  [g/s] 
K: Coefficient of unit converter      [-] 
KG: Gain of flow rate      [kg/(s mm2)]

Kp: Proportional gain of pressure     [-] 
Kdp: Proportional gain of pressure differentiate [-] 
P:  Pressure           [Pa] 
Pa: Atmospheric pressure       [Pa] 
P:  Differentiated value of pressure     [Pa/s]
R:  Gas constant number      [J/(kg K)] 
Se: Effective area          [m2]
t:  Time            [s] 
Ta: Control gain          [-] 
Tb: Control gain          [-]
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Tp: Integral action time of pressure     [-] 
Tdp: Integral action time of pressure differentiate [-] 
u:  Input voltage to the servo valve     [V] 
V:  Volume of the chamber       [m3]
W: Mass of air in the chamber      [kg] 

G : Amplitude of mass flow rate     [g/s] 
: Specific heat ratio        [-] 
: Temperature of gas        [K] 
: Average temperature        [K] 

a: Room temperature        [K] 
: Density of air        [kg/m3]

* : Critical flow coefficient      [-] 

Subscripts 

c : chamber 
f : forward 
in : inlet 
out : outlet 
s : supply 
up : upstream 

INTRODUCTION 

Measurement of an unsteady flow rate of compressible 
fluids is becoming more important with respect to 
energy savings, environmental protection, realizations 
of the technical advantages. Such a measurement 
provides significant information about the effective 
performance of engines, pumps, fuel cells and air 
compressors, and the ability to control the flow rates of 
gases and fluids in the semiconductor manufacturing 
process. There is substantial literature dealing with the 
measurement of unsteady gas flow (see [1]). Mottram et 
al [2] investigated the influence of pulsating flows on 
orifice plate flow meters. Hakanson et al [3], Berrebi et 
al [4] and Dane [5] studied the effects of pulsating flow 
on ultrasonic gas flow meters. Stone and Wright [6] 
investigated the dynamics of viscous flow meters both 
theoretically and experimentally. Uchiyama and 
Hakomori [7] proposed a method of measuring the 
instantaneous flow rate by estimating the velocity 
profiles in pipes. Most of these studies generated 
unsteady mass flows by using piston cylinders. Clearly, 
in these studies, substantial efforts must have been 
required in order to minimize the sensitivity dependence 
of density fluctuation on pressure and temperature 
variations. Durst et al [8] developed a mass flow rate 
controller using a valve and a laminar element that was 
designed to work up to unsteady oscillatory flow of 
125Hz and showed experimental results up to 25Hz. 
Since the flow passed through a valve becomes a 
function of temperature, the accuracy could be 
improved if the temperature change is prevented. 
Therefore, the unsteady flow measurement of gases is 

still a challenging research topic and the method to 
calibrate the dynamic characteristic of gas flow meters 
has not been defined yet. To solve these problems, we 
developed the unsteady gas flow generator using an 
isothermal chamber in 1997. However, this generator 
has limitation in time that is only during discharge from 
the chamber [9,10]. By adding a charging process, 
Funaki et al [11] developed the newly unsteady mass 
flow generator for gases that provide a foundation for 
the effective measurement of the unsteady gaseous mass 
flow generator and evaluation of the dynamics of gas 
flow meters in 2006. But it was difficult to control and 
compensate precisely the time mean value of the 
generated mass flow rate using the unsteady mass flow 
generator.  
In this study, to solve this problem, we suggest the inlet 
flow rate control method with a sonic Venturi nozzle 
[12] and a high precise pressure control system [13,14]  
and apply this method to the unsteady mass flow 
generator. Moreover, we perform the experiments and 
uncertainty analysis and confirm the effective of the 
suggested method. 

UNSTEADY GAS FLOW GENERATOR

Principle

The unsteady mass flow is generated using an 
isothermal chamber and two spool type servo valves in 
former research [11]. Here, the state equation for 
compressible fluids in a chamber can be written as  

PV WR                (1) 

The following equation can be derived by differentiating 
Eq.(1), if the chamber volume is constant. 

c
in out

dP d
V G G R WR

dt dt
     (2) 

Here, the mass flow rate Gin is charged through the inlet 
mass flow controller installed in the upstream of the 
isothermal chamber. The controlled mass flow rate Gout,
which is the generated flow, is discharged through the 
servo valve installed in the downstream of the 
isothermal chamber. The generated flow Gout is given by 
the following equation by transforming equation (2). 

c
out in

dPV W d
G G

R dt dt
        (3) 

If the state of air in the chamber during charge or 
discharge remains isothermal, the generated mass flow 
rate can be obtained from Eq.(3). 

c
out in in

dPV
G G G G

R dt
        (4) 

Since the condition remains isothermal, the average 
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temperature  in the chamber is equal to the room 
temperature a. Eq.(4) indicates that if the volume of 
the chamber V and the room temperature are known, 
then the generated mass flow rate can be controlled by 
the pressure difference in the isothermal chamber and 
the inlet mass flow rate. The flow rate through a 
pneumatic valve is represented in the following formula 
for the choked condition [15],  

273 c
e s

a s

P
G K S u P b

P
        (5) 

The case of non-choked flow is given by,  

2273
1

1
a c

e c

a

P P b
G K S P

b
u       (6) 

where b is the critical pressure ratio. The critical 
pressure ratio is defined in ISO6358 [15]. In this paper, 
the inlet mass flow rate is controlled by the inlet mass 
flow controller with sonic Venturi nozzle, and the 
pressure change in the isothermal chamber is controlled 
by servo valve as shown in Figure 1.  

Apparatus 

The developed unsteady gas flow generator with highly 
precise inlet mass flow rate control system is shown in 
Figure 2. The apparatus consists of an isothermal 
chamber, a spool type servo valve, an inlet mass flow 
controller with sonic Venturi nozzle, two pressure 
sensors, an AD converter, a DA converter and a personal 
computer. The servo valve has a dynamic response of 
about 100Hz. The pressure sensor was a semiconductor 
type with a resolution of 50Pa. The inlet mass flow 
controller with a sonic Venturi nozzle and a precise 
pressure regulator controls the charged flow rate to the 
isothermal chamber, and the servo valve controls the 
generated unsteady flow from the chamber. The AD 
converter is used to obtain the supply pressure, the 
pressure in the chamber and the measured flow rate 
using the laminar flow meter. The internal volume of the 
isothermal chamber is 1.0 10-4 m3.

Figure 1 Schematic diagram of mass flow rate control 
while charging and discharging 

INLET FLOW RATE CONTROL SYSTEM 

The sonic Venturi nozzle can realize highly precise flow 
rate measurement. Therefore, if an inlet flow rate 
control system consists of a precise pressure regulator 
with very small fluctuation and a sonic Venturi nozzle, 
the system can realize highly precise flow rate control.  

Arrangement of a precise pressure regulator 

The arrangement and the picture of the precise pressure 
regulator are shown in Figure 3 and Figure 4. The 
components are a spool type servo valve (FESTO 
MYPE-5-1/8-HF- 010-B), a laminar flow meter, an 
isothermal chamber, a pressure differentiator (PD 
sensor), and a pressure sensor (KEYENCE AP-13S). 
Though the spool valve has 5 ports, the valve is used as 
a 3 port type spool type servo valve, having ports of 
supply, control and exhaust. The unused 2ports are 
plugged. An ‘isothermal chamber’ was developed in a 
previous work. This chamber is filled with copper wool, 
which allows the state change in the chamber to become 
nearly isothermal. The isothermal chamber used in this 
research has a volume of 1.57 10-3 m3. The laminar 
flow meter [16,17] and the PD sensor [13,14] were also 
developed in previous research. The laminar flow meter 
is a differential pressure type flow meter, whose 
dynamic characteristics are calibrated. The ‘PD sensor’ 
is a unique sensor which can directly measure the 
differentiated value of gas pressure at a high resolution 
and high response.  

Sonic Venturi nozzle 

Sonic Venture nozzle is a famous instrument of the 
precise flow rate measurement. The sonic nozzle is an 
ISO type toroidal throat Venturi nozzle in which the 
radius of curvature of the throat is twice the throat 
diameter and the length of the diffuser with a half angle 
of 3 degrees is three times of the throat diameter [12,18]. 
The schematic diagram of the sonic Venturi nozzle used 
is shown in Figure 5. The throat diameter which we 
used is 0.594mm. This sonic Venturi nozzle was set up 
at the nozzle holder as shown in Figure 6. 

Figure 2 Apparatus of oscillatory gas flow generator 
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Design of the controller 

The purpose of the new pressure regulator is to keep the 
pressure in the isothermal chamber at a set value, as 
shown in Figure 3. The objective component, that is the 
unsteady gas flow generator, is to be connected to the 
downstream of the isothermal chamber. The very 
important factor is that, when disturbance of pressure of 
the flow rate occurs either on the supply or downstream 
of the pressure regulator, the pressure in the isothermal 
chamber should be kept stable or immediately recovered. 
A pressure feed-back loop is the main loop, mean while 
there are 2 minor loops. One is a flow rate control loop, 
the other one is to estimate and compensate the output 
flow rate Gout. As a result, we confirmed that the new 
pressure regulator regulate the fluctuation of the 
upstream pressure of the sonic nozzle less than 0.9%. 
Therefore, the inlet mass flow rate Gin is controlled 
precisely and constantly using this inlet mass flow 
controller, and can be written as Eq.(7).  

1

1* 2

1
up up

in

up up

P A P A
G

R R
   (7) 

Figure 3 Diagram of precise pressure regulator 

Figure 4 Photograph of precise pressure regulator 

3 deg.2D

D

L = 3D

Figure 5 Schematic diagram and photograph of the ISO 
type toroidal throat sonic Venturi nozzle 

Figure 6 Nozzle Holder 
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Figure 7 Block diagram of an unsteady gas flow 
generator 

CONTROL METHOD 

We controlled the absolute pressure in the isothermal 
chamber to be the choked flow at the sonic Venturi 
nozzle of the inlet mass flow rate controller and the 
non-choked flow at the servo valve. The supply pressure 
was set up at 600kPa. The precise pressure regulator 
was set up about 350kPa and the pressure in the 
isothermal chamber was about 150kPa. Therefore, the 
pressure ratio is about 0.43. We confirmed that the 
choked condition is realized at the sonic Venturi nozzle, 
because the critical pressure ratio of this nozzle was up 
to 0.6. The manipulated value by the inlet mass flow 
rate controller is the average value of the generated flow 
rate. That is, the pressure at the upstream side of the 
sonic nozzle was constant value. Figure 7 shows the 
block diagram of the unsteady gas flow generator which 
we developed in this study. At first, we calculated the 
reference flow rate using Eq.(4). The control signal to 
the servo valve is estimated as G/(KGSe). This value is 
given as a feed-forward element to the system. And a PI 
controller and a P controller were adopted for the 
pressure control in the isothermal chamber. Therefore, 
this flow generator can generate the unsteady flow rate 
continuously, calculating the pressure change in the 
isothermal chamber and the charged flow rate through 
the inlet mass flow controller. And the input voltage of 
servo valve can be written as follows. 

712Copyright © 2008 by JFPS, ISBN 4-931070-07-X



1
1p c cref

p

ref

dp c cref

G e

u K P P
T s

G
K P P

K S

      (8) 

EXPERIMENTAL RESULTS AND DISCUSSIONS 

Evaluation of inlet flow rate control system 

The sonic Venturi nozzle which we used has the 
uncertainty within 0.1% [18]. We confirmed that the 
inlet mass flow rate can be realized the uncertainty 
within 0.4% using the inlet mass flow rate control 
system.  

Generation of oscillatory gas flows 

At first, the target oscillatory mass flow rate is given as 
0.216 + 0.107 sin(2 f t ) g/s. The experiment was 
performed at several frequencies. The low-pass filter 
was used for the processing of the measured data. The 
cut-off frequency of the filter was set at five times the 
frequency of the phenomenon. Figure 8 shows the 
experimental results at a frequency of 1Hz. In this figure, 
the black line show the target mass flow rate, the blue 
line shows the generated mass flow rate using the 
unsteady gas flow generator and the red line indicates 
the measured mass flow rate using the laminar flow 
meter. From this figure, the target flow rate and the 
generated flow rate is consistent with the measured flow 
rate using the laminar flow meter to finish the 
calibration with the former generator. Figure 9 shows 
the experimental results at a frequency of 10Hz. From 
this result, it could be confirmed that the target flow rate 
and the generated flow rate show good agreement.  
Moreover, the flow is generated continuously for 
60minutes. These results show that the maximum error 
between the target mass flow rate and the generated 
mass flow rate is less than approximately 5%. 

Evaluation of time mean flow rate 

When we examine the dynamic characteristics of the 
tested flow meter, there are two important factors. One 
is the responsibility of measured value of tested flow 
meter in comparison with a standard flow rate wave 
pattern. Second is the fluctuation of the time mean 
measured value. In this time, when the generator 
occurred by various oscillatory flows, we confirmed the 
fluctuation of the time mean generated value by 
experiments. As a result, it became clear that the 
uncertainty is less than 0.4%.
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Figure 8 Generation of oscillatory gas flow at the 
frequency of 1Hz 
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Figure 9 Generation of oscillatory gas flow at the 
frequency of 10Hz 

Analysis of uncertainty 

The total uncertainty of the oscillatory gas flow 
generator is given by the following formula from the 
propagation of uncertainty as shown in guide by ISO 
(1993 and 2002) [19,20]. 

2 22

22 2

22

0.25f up up

f up up

G P A

G P A

dP dtV

V dP dt

d dt

d dt

 (9) 

Where the first term is the uncertainty of the inlet mass 
flow rate, the second term is the uncertainty of the 
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pressure change of the isothermal chamber, and the third 
term is the uncertainty of the temperature change. The 
uncertainty of the chamber volume measurement is 
considered to be 0.5[%]. The uncertainty of the effective 
area is considered to be 0.5[%]. The uncertainty due to 
the pressure change speed is considered to be 1[%]. The 
uncertainty of the temperature change is estimated as 
3[%] at maximum. The other factors affecting the 
uncertainty are as mentioned above. From Eq.(15), the 
generated mass flow rate with only forward direction 
has a maximum uncertainty of 4.9[%]. Moreover, inlet 
mass flow rate, that is, the average mass flow rate is 
within an uncertainty of 0.4%. Therefore, the 
unsteady mass flow generator for gases has sufficient 
accuracy for practical use. 

CONCLUSIONS 

In this paper, the performance of the unsteady gas flow 
generator with highly precise inlet mass flow rate 
control system which we developed is investigated 
experimentally. At first, we developed and 
manufactured a highly precise inlet mass flow rate 
control system with the precise pressure regulator and 
the sonic Venturi nozzle. Secondly, the mean value of 
the generated oscillatory flow is investigated. It became 
clear that the uncertainty is within 0.4%. The 
effectiveness of the generator for calibrating the 
dynamic characteristics of gaseous flow meters is 
confirmed. 
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RESEARCH ON THE STATIC CHARACTERISTICS OF AIR 
DRIVEN GAS BOOSTER
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ABSTRACT 

The process that the low pressure gas in two gas tanks were reclaimed through air driven gas booster to one empty high 
pressure tank has been studied in this paper. Calculation formulae of performance parameters of the gas booster such as 
the inlet pressure, outlet pressure, volume of discharge and intake, air consumption in per cycle were obtained , and the 
change tendency of these performance parameters during its isothermal quasi-static processes was analyzed and several 
static characteristics and structural parameters that influences the booster’s working performance were found out. The 
importance of dead volume and the way to raise the booster’s efficiency was stated. The results are helpful for model 
selection, design and application of gas boosters. 

KEY WORDS  

Air driven gas booster, Static characteristics, Compression ratio, Dead volume 

NOMENCLATURE 

A : Area of air driving piston 
a : Area of gas piston 
a0 : Cross sectional area of piston rod 
Pa : Standard atmosphere pressure 
PD : Driving air pressure 
POk : Outlet air pressure of the k-th cycle 
PSk : Inlet air pressure of the k-th cycle 
S : Stroke of piston 
V0 : Dead volume 
VC : Total volume of high pressure chamber 
VE : Air consumption volume per cycle 
VOk : Gas discharge volume of the k-th cycle 
VSk : Gas suction volume of the k-th cycle 
Vin : Total volume before inlet check valve 
Vou : Total volume behind outlet check valve 
i : Pressure ratio 
iCk : Compressed ratio of the k-th cycle 

INTRODUCTION 

High pressure compressed air is usually needed in many 
industrial fields [4]. Air driven gas booster with the 
advantages of using low pressure air as power, 
supercharging efficiently, structured compactly, being 
portable and explosion-proof, reducing the cost and 
installing spaces to a great extent  has been widely used 
in many fields such as low pressure gas reclaiming, 
high-pressure gas injection, gas pressure testing and
leak testing [1]. However, the tendency of pneumatic 
technology to high pressure has raised many new 
requirements to booster’s structure and performance, 
such as higher pressure ratio and charging efficiency 
and more compact structure. Based on the working 
principle and structure of single acting gas booster, this 
paper has studied parameter factors that influences the 
booster’s working performance and analyzed the 
booster’s static characteristics. 
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WORKING PRINCIPLE OF AIR DRIVEN GAS 
BOOSTER

Air driven gas booster works according to PASCAL’S 
LAW as Figure 1 shows [3]. The large-area air driving 
piston 5 in the air driving chamber 4 is connected with 
the piston rod to the small-area gas piston 7 located in 
the high pressure chamber 6. Thus by using the area 
difference between the tow pistons, the purpose to 
compress the gas in the high pressure chamber with the 
low pressure air as power acting on the large-area piston 
is realized. 

Figure 1 Working principle of air driven gas booster 

Based on the static force balance principle, 

DDO PiP
a
AP            (1)

i=A / a is defined as pressure ratio .When A > a, PO > PD
[3]. The larger the area difference is, the more obvious 
the supercharging effect becomes. 
The continuous operation is achieved by the cycling 
control valve 1 whose spool leads the drive air 
alternately on the upper and bottom surface of the air 
piston and is piloted through the upper pilot valve 2  
and down pilot valve 3 which are mechanically actuated 
through the air drive piston in its end positions [1]. The 
exhaust air from the driving chamber is lead to the 
peripheral barrel to cool the high pressure gas chamber 
[2]. 

PARAMETERS CALCULATION AND ANALYSIS 
OF STATIC CHARACTERISTICS 

The low pressure gas recovery process is studied as 
shown in Figure 2. At the beginning of recovery, low 
pressure gas is directly charged to high pressure tank 

through inlet and outlet check valves as the existence of 
the pressure difference between the tow tanks, until the 
pressure of low and high tanks becomes balanced. Then 
gas booster works. The gas booster works as the 
sequence of suction, compression and exhaust. Now 
study on the k-th cycle.  

Figure 2 Low pressure gas reclaiming 

Inlet and Outlet Pressure PSk and POk
According to law of mass conservation , when the k 
time cycle ends, there are the equations below:  

S out O -1 0 out Ok k kP V P V V P        (2) 

0 O 1 in S 1 in C Sk k kV P V P V V P       (3) 

The inlet and outlet pressure of the k-th cycle is 
obtained 

C out
O S O -1

0 out 0 out
k k k

V VP P P
V V V V

      (4) 

in 0
S S 1 O 1

in C in C
k k k

V VP P P
V V V V

      (5) 

The change of POk and PSk with the increase of working 
cycle is obtained recursively as shown in Figure 3. 
Figure 3 shows that with the increasing of working 
cycles both curves changes greatly on earlier stage, and 
change slowly on middle-later stage, and on the later 
stage when the cycle times reaches up to a certain value, 
both curves nearly keep stable. 
Compressed ratio iC is defined as follows [1]: 

SOC / PPi                 (6) 
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Figure 3 PO and PS with the change of cycle 

iC indicates the compressed degree of low gas .It is a 
variable,while pressure ratio i is a fixed value which 
shows the maximum ability of compression of the 
booster. The curve of iC is shown in Figure 4 below, 
from which we know that iC increases gradually , and 
keeps stable on the later stage. 

Figure 4 iC with the change of cycle 

Gas Discharge and Intake Volume VOk and VSk
Gas discharge volume of the k-th cycle is equal to the 
standard difference volume of gas in high pressure 
chamber before and after the compression, so gas 
discharge volume of the k-th cycle is 

S O
C C 0

a a

k k
k

P PV V V
P P

            (7) 

Formula 7 can also be expressed as follows. 

S
C C C 0

a

( )k
k k

PV V i V
P

           (8) 

The change of VCk with iCk is shown in Figure 6. With 
the increase of iCk , VCk reduces gradually, until to zero. 
And when iCk gets to a certain value, the discharged gas 

becomes very little, and the working efficiency of gas 
booster is very low.  

Figure 6 VCk with the change of iCk

The iC when VC is zero is defined as the maximum 
compressed ratio iCmax.

0

C
Cmax V

V
i                (9) 

The dimensions of V0 and VC have been decided when 
the booster was designed, after which the booster’s 
maximum compressed ratio was determined. So when 
designing, if higher compressed ratio is wanted, 
reducing V0 is feasible. For example, if the expected 
iCmax is 25:1, V0 must be less than 4% of VC.
Intake gas charge volume of the k-th cycle is equal to 
the standard difference volume of gas in high pressure 
chamber before and after suction, so intake gas charge 
volume of the k-th cycle is 

S O 1
S C 0

a a

k k
k

P PV V V
P P

        (10) 

VSk has similar change law with VOk.
Air Consumption Volume Per Cycle VE
The total air consume volume of the k-th cycle is equal 
to the sum of the air consume volume of the suction and 
compression stroke. So the air consumption volume of 
one cycle is 

a

D
0E )2(

P
PaAV          (11) 

Formula 11 shows the air consume volume per cycle is 
a fixed value. On the later stage, the outlet pressure 
increases very slowly while the piston is still moving 
under the push of driving air, so lots of driving air is 
wasted. In addition, when model selecting; the 
maximum compressed ratio of the booster to be selected 
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should be bigger than the one needed in practical 
application, in order to save driving air and to limit the 
charging time to acceptable range. 

CONCLUSIONS 

Through the calculation and analysis above, the main 
structural parameters that influence the static 
characteristics of gas booster, the formulae of boater’s 
performance parameters and its static characteristics 
combined with lots of graphs were obtained.  
The main structural parameters include area of air 
driving piston A, area of gas piston a, cross sectional 
area of link rod a0, stroke of piston S and dead volume 
V0. The dead volume V0 is proved having great 
influence on the booster’s static characteristics, and its 
dimension should be determined with discretion when 

designing. In addition, on the process of charging, the 
outlet pressure increases, inlet pressure reduces, both 
gas intake and discharge volume decreases, air 
consumption keeps constant cycle by cycle, and as on 
the later stage the growth rate of outlet pressure is very 
low and , it is not recommended to keep the booster 
working in this case for long time. 
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ABSTRACT 

Information concerning the flow characteristics of pneumatic components is essential not only for selecting the right 
component at the design stage, but also for the simulation and the validation of different performances of a circuit. 
Recently, some works concerning the revision of the ISO 6358:1989 standard [1] have concerned both the mathematical 
approximation of the mass flow rate characteristic [2] and the experimental way to obtain the characteristics [3, 4, 5]. This 
paper proposes to discuss the importance of the upstream and downstream pressures taken as references. Using 
experimental results, the flow behaviour of two real components is discussed pointing out two different cases, the first 
being close to a convergent nozzle, the second to a convergent-divergent nozzle.  

KEY WORDS  

Mass flow rate characterisation, convergent behaviour, convergent-divergent behaviour, pressure measurement 

NOMENCLATURE 

A : geometrical area      [m2]
C : conductance       [m3/s/Pa] 
p  : pressure        [Pa] 

bp  : back pressure       [Pa] 

ep  : exit pressure       [Pa] 

mq : mass flow rate      [kg/s] 
R : gas constant       [J/(kg.K)] 
T : temperature       [K] 
u : velocity        [m/s] 
γ  : specific-heat ratio (1.4 for air) 
ρ  : density        [kg/m3)] 

subscripts 
c : critical
d : port component diameter
D : largest diameter D 
ISO: reference to ISO6358 standard [1]
t : total 
0 : stagnation conditions 
1 : upstream conditions 
2 : downstream conditions 

INTRODUCTION 

ISO6358:1989 standard [1] defines both mathematical 
approximation of the mass flow rate characteristic and 
the experimental way to obtain the characteristics. This 
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standard provides an efficient help to manufacturers to 
characterise the flow capacity of pneumatic components 
with a couple of parameters: the sonic conductance C
and the critical pressure ratio b. Therefore, this gives 
very useful information to circuit designers for the 
component choice. This standard is under revision 
because it requires some improvements into three 
directions.  
First, the use of two additional parameters has recently 
extended the range of application of the standard to new 
components [2]. Second, two new experimental 
methods for characterizing the components have been 
proposed. They are based on transient characterisations 
(discharge method [3, 4] or charge method [5]). But 
third, whatever the experimental method is, a study has 
to be carried out in the light of fluid mechanic theory in 
order to determine the appropriate location of the 
pressure sensors used for the measurement of the 
upstream and downstream pressures. This is the purpose 
of this paper. 
After a brief summary of fluid mechanic theory about 
flow in convergent and convergent-divergent nozzles, 
different measurement results are discussed according 
to the way upstream and downstream pressures are 
measured. For this study two spool valves are 
characterised. Component 1 has G1/8 connecting ports 
while component 2 has G1/4. 

FLUID MECHANICS MODELING 

Up to now, most of pneumatic flow models relies on the 
theoretical results obtained in fluid dynamics for an 
ideal convergent nozzle [6, 7]. The case of ideal 
convergent-divergent nozzle is also interesting. The 
modelling considers that the flow is one dimensional, 
isentropic (adiabatic and reversible) and stationary, and 
that friction forces are negligible [7]. There is an 
upstream large reservoir with a stagnation pressure 0p
and a stagnation temperature 0T . The flow results from 
a back pressure bp  (downstream and outside the 
convergent nozzle) lower than 0p .
The continuity equations (mass and energy) are used to 
determine theoretically the pressure distributions and 
the mass flow values according to the pressure 
conditions ( 0p , bp ).

Flow behaviour in a convergent nozzle 
Considering the ideal nozzle (Fig.1), the fluid mechanic 
theory points out two flow behaviours delimited by the 
critical pressure cp at which the throat becomes sonic: a 
subsonic flow and a sonic flow. 
Figure 2 shows the corresponding well-known flow 
representation and the exit pressure evolution 0ppe

according to the ratio between the back and upstream 

stagnation pressure, 0ppb .

0p

0T

00 =u

bp

exit
plane

ep

Figure 1: Convergent nozzle and variable definitions. 
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Figure 2: Flow and pressure evolutions for a convergent 
nozzle. 

Flow behaviour in a convergent–divergent nozzle 
Similarly, the application of fluid mechanic theory to an 
ideal convergent-divergent nozzle (Fig.3) leads to four 
main types of flow behaviours. Figure 4 shows flow and 
pressure changes according to the pressure ratio 

0ppb .
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III
IV

0p
pc

throatp

Figure 3: Convergent-divergent nozzle and different 
pressure distributions according to back pressure value. 

The flow curve (Fig.4c) presents two regions 
corresponding to the subsonic or sonic flow at throat. 
But downstream the throat, in the divergent part of the 
nozzle, the flow can be either subsonic or supersonic 
according to the back pressure value. Furthermore, a 
normal shock in the divergent section or oblique shocks 
outside the nozzle outlet can take place. The flow is then 
no more isentropic downstream to the normal shock in 
the divergent part of the nozzle.  
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a – Exit pressure      b – Throat pressure     c – Mass flow rate 
Figure 4: Characteristics of a convergent-divergent nozzle according to the back to stagnation pressure ratio [7]. 

For point 4, the normal shock is located at the exit plane 
inducing a discontinuity on the pressure curve (Fig.4a). 

FLOW CHARACTERIZATION 

Real orifices show some differences with the ideal cases: 
- There is a contraction of the stream lines at throat: the 
effective area is smaller than the geometrical one. 
- Friction losses are not negligible. 
- According to the rate of kinetic energy recovery, the 
static pressure is higher downstream than in an ideal 
nozzle. 
- The flow can generally be considered as adiabatic 
(conservation of the total temperature), but it is not 
isentropic inducing a loss in total pressure. 
Experimental results have shown that however, many 
components have a flow characteristic that is similar to 
the one obtained for a convergent nozzle (Fig.2). That is 
why the ISO 6358 standard proposed a mathematical 
approximation in which the critical pressure ratio is 
determined experimentally. The subsonic region is 
approximated by a quarter of ellipse. 
But in the case of a convergent-divergent nozzle, this part 
of the mass flow rate curve corresponds only to the lower 
part of a quarter of ellipse. An approximation of this 
characteristic is however possible using the new formula 
with four parameters [2].  
The flow characterisation consists in the measurement of 
the mass flow rate, and of the upstream and downstream 
pressures. However the main question is how and where 
these pressures have to be measured? 
According to fluid mechanics, the total upstream 
pressure has to be considered as well as the exit and back 
pressures. But the main difficulty is that the exit pressure 
can not be measured directly because the internal 
geometry of components is generally complex and the 
most limiting section is not always located at outlet but 
often inside the component itself. 
In ISO6358:1989 standard, the pressure sensors are 
installed on measuring tubes that have the same inner 
diameter as the port of the component to be characterised. 
This means that the measured upstream and downstream 
pressures ISO1p  and ISO2p  are static pressures. Thus the 
flow characteristics are depending on the diameter of the 
connecting tubes because the fluid velocity is not 

negligible in these tubes. Measurement methods that 
allow a better correlation with fluid mechanics theory are 
now explored. 

) (

) (

T0 p1 ISO p2 ISO

Figure 5 Test bench according to ISO 6358 standard. 

UPSTREAM PRESSURE 

In order to obtain flow characteristic parameters 
independent from the upstream velocity, it is necessary to 
take into account the total pressure. This pressure can be 
measured directly on a tube of sufficiently large diameter 
to have a negligible fluid velocity. It can also be obtained 
by calculation.  
By definition, the total pressure is the pressure the flow 
would reach if brought isentropically to rest [7]. The 
equivalent total pressure can then be calculated from the 
static pressure p, with the knowledge of the local 
geometrical section A:

12

4
1

2
1

2
1

−

+−+=
γ
γ

γ
γ

pA
qRTpp m

tt     (1) 

In the following, the total pressures are calculated 
assuming the flow is adiabatic: the local total 
temperature equals the upstream stagnation temperature 

0T  (Fig.5). 

Component 
under test

p1 ISO 3d

flow

Component 
under test

p1D

flow
d d

D

a – ISO 6358:1989.   b – Conical connector. 
Figure 6 Upstream pressure connectors used. 

In order to measure directly the stagnation pressure, the 
upstream part of the test bench of ISO 6358 can be 
modified using the measuring tube shown in Fig.6b. 
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Figure 8 Flow characteristics for different upstream pressures (downstream pressure ISO2p  from ISO 6358 tube). 

The upstream pressure is measured on a diameter D two 
sizes larger than the port size of the component under 
test. The connection to the component is done with a 
conical part in order to minimise the losses.  
In this section, in order to draw comparisons concerning 
the upstream pressure, experimental results are obtained 
using an ISO6358 downstream measuring tube. 
Figure 7 shows that for both components, the pressure 

Dp1  measured on the larger diameter of the conical tube 
is very close to the corresponding calculated upstream 
total pressure Dtp 1  because the velocity of the fluid is 
negligible. It means that this measured pressure Dp1  can 
be considered as a total pressure. But in the case of the 
ISO6358 tube, it is clear that the higher the mass flow is, 
the larger the difference between the calculated total 
pressure ISO1tp and the measured upstream pressure 

ISO1p .
Figure 8a compares the flow characteristics obtained 
with the measured total pressure Dp1  (on conical tube) 
and with the calculated total pressure ISO1tp  (ISO tube). 
The conductance is calculated according to ISO6358 
standard [1]: 

1

0

10 T
T

p
qC m

ρ
=           (2) 

For low conductances in the subsonic range, the 
characteristics are very close, but when the upstream 
velocity is higher (especially in ISO tubes) the 
characteristic obtained with the calculated total pressure 

ISO1tp  is slightly smaller than the one obtained with the 
direct measurement Dp1 . It points out the limitation of 
calculating the total pressure according to (1) due to 
uncertainties on the effective area A of the flow at the 
sensor location and on the total temperature tT . This 
means that the direct measurement of the upstream total 
pressure is preferable using a tube of sufficiently large 
diameter to make velocity negligible. 
Figure 8b shows that using this upstream total pressure, 
the flow characteristic for component 1 is different from 
the one obtained using the ISO 6358 standard bench 
(Fig.5). This may seem obvious since the ISO 6358 
standard uses a static upstream pressure. However it has 
to be noticed that for component 2, both curves are close. 
This can be explained by lower velocities reached in the 
ISO 6358 upstream tube than for component 1. 
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DOWNSTREAM PRESSURE

Considering fluid mechanics results, both exit and back 
pressures seems to be of interest. A conical connector 
(Fig.9b) can be used to limit the losses (which could 
appear as a sudden diameter variation) equipped for the 
measurement of both pressures: 
- the pressure dp2  on the port diameter d is measured 
close to the component outlet at a distance equal to 3d.
This pressure corresponds to a static pressure, 
- the pressure Dp2  is measured on the largest diameter 
D at a distance approximately equal to 13D where the 
flow reaches again a regular shape. 
In this section, the flow characterisations use the 
upstream conical connector (Fig.6b) in order to obtain 
directly the upstream total pressure Dp1 which is kept 
constant. For both components under test, stationary 
flow characterisation tests are realised with the both 
downstream tubes shown in Figure 9.  

p2 ISO

Component 
under test

10d

flow

Component 
under test

p2D

flow

p2d3d

d d
D

13D

a – ISO 6358:1989.   b – Conical connector. 
Figure 9 Downstream pressure connectors. 

The use of downstream pressures measured on the 
component port diameter d either on the ISO6358 tube 
or on the conical connector leads to the same flow 
characteristic (Fig.10a). The conical connector presents 
advantages as it enables lower pressure ratio to be 
reached during measurement making easier the 
determination of the characteristic parameters.  
The flow characteristic curve is not significantly 
influenced by the location of pressures measured on the 
conical connector dp2 or Dp2  (Fig.10b). This can be 
explained by the low losses in subsonic flow between 
the two pressure sensors locations (Fig.11 and 12). 
However the measure of the pressure on the largest 
diameter Dp2 seems preferable because it corresponds 
to a total pressure (negligible fluid velocity) and thus the 
complete energy loss is characterised independently of 
the tubes connected to the component. 
The use of the total pressure ISO2tp  calculated from the 
measure of the static pressure ISO2p  on the ISO 6358 
tube of diameter d leads to a different flow characteristic 
in the case of component 1 (Fig.10c). This component 
corresponds to a smaller effective section and 
accordingly higher velocities are reached. It confirms 
also that the flow is not really isentropic.  
Using both downstream pressures measured with the 
conical connector, the evolution of the pressure ratio 

Dd pp 12  versus the ratio of DD pp 12  can be plot.  
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Figure 10 Flow characteristics of both components 
according to downstream pressures (upstream pressure 

Dp1  from conical tube). 

For component 1 (Fig.11), the form of the curve is 
similar to the theoretical curve of an ideal convergent 
nozzle (Fig.2). However, for component 2 (Fig.12), this 
evolution presents a sudden variation similarly to the 
case of a convergent-divergent nozzle (Fig.4).  
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In both cases the slope of the oblique line is however 
different from 1 as in the ideal cases. It shows that there 
are energy losses between the two downstream pressure 
sensors. The real flow is not isentropic even with the 
soft enlargement of the connector. The difference with 
the ideal cases can come also from the real flow in 
component which can be tridimensional. 
These last remarks mean that the measured pressures 
can only be considered as an indication respectively of 
the exit and of the back pressures and not as an accurate 
measurement of these characteristic pressures. 
But it seems sufficient to classify the components under 
test into two categories according to the similarity of 
their global flow behaviour with convergent or 
convergent-divergent ideal nozzles. 

CONCLUSION 

Keeping in mind that the standard must help users for 
the choice of the right component, it is necessary to 
characterise the global losses of the component 
independently from the functioning conditions: the 
considered upstream and downstream pressures should 
be total pressures. The use of conical connectors with 
the pressure measurements on the largest diameter 
enables a direct measurement of the necessary total 
pressures. The use of total pressures presents also the 
advantage to make easier the calculations of serial 

association of components [2, 8]. 
According to fluid mechanics theory, the additional 
measurement of the pressure close to the component 
outlet on a diameter corresponding to the component 
outlet standard connection can give an indication on the 
global flow behaviour of the component compared to 
the ideal cases of convergent or convergent-divergent 
nozzles. This can be useful at the user level since it is 
well-known that a convergent-divergent nozzle 
behaviour means that shocks can take place inside the 
component or downstream. 
The analysis proposed here for stationary flows needs 
naturally to be validated on other types of components 
and for transient tests to verify that the diverging part of 
the downstream connector does not change the flow 
behaviour of the component due to couplings. 
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ABSTRACT 

Recently, due to the ageing in Japanese society and the decreasing birthrate, an important problem of providing nursing 
care for the elderly has occurred.  As a result, it is necessary to develop wearable systems to aid in nursing care. To 
realize the system, we require not only wearable soft actuators, but also compact and flexible control valve that can 
drive the soft actuator such as a pneumatic artificial muscle.  The purpose of our study is to develop a flexible, 
lightweight and compact control valve which can be safe enough to be attached to the human body. 
In this study, we proposed and tested a new type of control valve.  The valve consists of a vibration motor and a check 
valve that made of a steel ball and an orifice in flexible tube.  The operating principle of the valve is as follows. The 
valve is normally closed as a function of check valve. When the vibration is applied, the inner ball in the check valve 
moves and the valve opens. By giving continuous vibration, the valve can keep open.  As a result, we find that the 
valve can control the relatively larger flow rate compared to their weight and size. 

KEY WORDS  

Small-sized control valve, Control using vibration, Flexible control valve, Valve using vibration motor 

INTRODUCTION 

Recently, force feedback devices in virtual reality and 
power assisted nursing care systems[1-2] have received 
much attention and active research.  In such a control 
system, an actuator and a driving device such as a 
control valve are mounted on the human body[3-5].  
To consider the development of wearable control valve 
that can drive pneumatic actuator so as to support the 
multi degrees of human motion, the size and weight of 
the valve become serious problems.  The usual electro 
magnetic solenoid valves drive their spools by using 

larger solenoid to open the valve.  The solenoid valves 
have complex construction to keep a seal while the 
spool moving.  This complex construction makes the 
miniaturization of the valve and the fabrication of the 
low cost valve more difficult.  The purpose of our 
study is to develop a small-sized, lightweight and 
flexible control valve that can be safe enough to mount 
on human body with a lower cost.  In this study, we 
proposed and tested a new type of control valve that can 
make it open by using a vibration motor. In addition, we 
investigated the output flow characteristics of the tested 
valve. 
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CONTROL VALVE USING VIBRATION MOTOR 

Concept of the proposed valve 

Figure 1 shows a fundamental concept of a proposed 
control vale.  The figure shows the model of the tested 
valve using the check valve which is composed of a 
steel ball and orifice.  Figure 1 (a) and (b) illustrate the 
operational image of a usual electro magnetic on/off 
control valve and a proposed valve, respectively.  In 
the both valves, the supplied pressure is applied from 
the lower inlets as shown in Fig.1.  From Fig.1, the 
steel ball is always applied by the upper force according 
to the differential pressure between inlet and outlet of 
the orifice and the sectional area of the orifice.  In the 
case using the usual on/off valve as shown in Fig.1 (a), 
to open the valve, it needs a larger longitudinal 
directional pulling force that can overcome the pushing 
force of the ball generated by supplied pressure.  
Therefore, the usual elector-magnetic solenoid valve 
needs a relatively larger solenoid coil to open the valve 
surely.  It prevents the miniaturization of the valve.  
In addition, in order to pull the steel ball while keeping 
the seal between inside and outside of the valve, it needs 
some complex mechanisms.  It prevents to make the 
cost of the valve lower.   

(a) Image of a usual control valve 

(b) Image of proposed valve 

Figure 1 Concept of proposed control valve 

In case of the proposed valve as shown in Fig.1 (b), to 
increase the opening of the valve, we apply the steel ball 
the horizontal direction force to slide the ball.  By 
using this method, it becomes possible to open the valve 
using smaller force.  In the case of closing, when we 
stop to apply the horizontal direction force, the inner 
steel ball automatically moves toward the orifice by the 
generated force of momentum of the flow such as a 
check valve. Then, the ball closes the orifice as a stable 
condition of check valve. 
Construction and operating principle 

Photo.1 shows the construction of the tested control 
valve.  The tested valve consists of a flexible tube 
whose inner diameter is 2.5 mm and outer diameter is 4 
mm, an acrylic orifice with inner diameter of 0.5 mm, a 
steel ball with outer diameter of 2 mm and a vibration 
motor (Shicoh Co.Ltd. SE-4C-1E).  The acrylic orifice 
and the steel ball are inserted into the flexible tube.  In 
the opposite side of the orifice and ball, the ball stopper 
that has inner bore with diameter of 1.5 mm is inserted 
into the tube.  The vibration motor is set on outer side 
of flexible tube by an acrylic connector.  The orifice 
and the steel ball are inserted into the tube.  There is no 
mechanical connecting part between the both contents 
of inner and outer of the tube.  It means that the tested 
valve does not need the special sealing such as a gasket 
between the inner and outer of tube. In addition, the 
valve has no mechanical sliding moving part in the tube. 
The volume of the tested valve including the vibration 
motor is about 1 cc, that is the valve has the length of 20 
mm, the width of 5mm and the height of 10mm.  The 
mass of the tested valve is very lightweight, that is only 
2 g.  The inner mechanism of the valve is very simple.  
It means that the valve can be fabricated with a lower 
cost.

Photo.1 Tested control valve using vibration motor 

Figure 2 (a) and (b) show the schematic diagram of the 
valve and the operation of the valve, respectively.  The 
operating principle of the tested valve is as follows.  
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When the vibration motor is driven, the tube connected 
with the vibration motor is oscillated.  From the law of 
inertia, the inner steel ball stays in a certain position of 
the tube.  The inner steel ball contacts to the inner wall 
of the tube.  Then, it gives horizontal direction force to 
the ball.  The inner ball starts to move and rotate along 
to the inner wall of the tube as shown in Fig. 2(b).  By 
giving the vibration continuously, the ball carries on 
rotating along to the inner wall of the tube.  It is said 
that the opening of the orifice keeps a certain sectional 
area while the vibration motor being driven.  It means 
that the tested valve generates the stable flow rate while 
the valve working.  This method is more useful to 
supply the stable flow rate compared with other way of 
the valve opening using vibration[6]  When the 
vibration motor is stopped, the steel ball automatically 
moves toward the orifice by the generated force of 
momentum of the flow such as a check valve.  In the 
case of giving a large impulse disturbance to the valve 

(a) Schematic diagram of the tested valve 

Vibration Rotation

(b) Operation of the tested valve 

Figure 2 Operating principle of tested valve 

such as flipping the valve, the ball moves temporally 
and a negligibly small leakage occurs.  It means that 
the tested valve does not open when the continuous 
vibration is applied. 

CHARACTERISTICS OF THE TESTED VALVE  

In order to investigate the characteristics of the tested 
valve, we measured the output flow rate from the tested 
valve when the inlet of the valve is connected with the 
air supply.  Figure 3 shows the experimental setup to 
investigate the characteristics of the tested valve.  The 
equipment consists of the tested valve, float type flow 
meter, electric power supply and ammeter.  In the 
measurement of output flow rate, the outlet of the valve 
is connected to the inlet of a float type flow meter 
whose outlet is released to the atmosphere.  While the 
valve being driven, the current in the vibration motor 
was also measured by an ammeter.  Figure 4 shows the 
relation between the supply pressure and output flow 
rate of the tested valve.  In Fig.4, each symbol ,
and  show the results using the tested valve and two 

Figure 3 Experimental setup of the tested valve 

Figure 4 Relation between supply pressure and output 
flow rate of the tested valve  
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Figure 5 Relation between operating voltage  
and output flow rate of the tested valve  

types of pneumatic on/off control valve on the market 
(Koganei Co. Ltd. G010E1 and 010E1), respectively.  
These commercial pneumatic control valves are 
relatively small-sized valves on the market.  In the 
experiment, the input voltage of 5 volts was applied to 
the vibration motor in the tested valve and the input 
voltage of 12 volts was applied to the commercial on/off 
valves as an operating input.  The supply pressure of 
these valves was changed from 50 kPa to 500 kPa.  
From Fig.4, it can be seen that the output flow rate of 
the tested valve has the linear relationship between the 
supply pressure and the output flow rate.  It can be said 
that the sectional area of the orifice in the tested valve 
does not change even if the pushing force acted on the 
inner ball increases according to the supply pressure. 
Figure 5 shows the relation between operating voltage 
and output flow rate of the tested valve.  In Fig. 5, 
symbols and show the results using supply 
pressure of 300 and 400 kPa, respectively.  The 
vibration motor in the tested valve can be driven by 
operating voltage of more than 3 volts.  Therefore, the 
tested valve can be driven by a relatively wide range of 
the operating voltages, that is from 3 to 6 volts.  It 
means that the tested valve does not need higher 
operating voltages so as to get the generated magnetic 
force as large as to drive the solenoid.  From Fig.4, we 
can see that the output flow rate does not change 
according to operating voltage. These results show that 
the valve can generate a constant flow rate even if an 
unstable input voltage is given to the valve.      
As a dynamic characteristic of the tested valve, we 
investigated the response of the float type flow meter 
connected with the tested valve when the input voltage 
of the valve was turned ON or OFF.  In this experiment, 
we can see that the response of the tested valve for input 
voltage is almost same as that of the commercial valve 
using the solenoid.  The response time of the valve for 
stepwise input voltage looks less than 0.1 s even if the 
length of the connecting pipe between the valve and the 

flow meter is about 1m. 
In addition, it is necessary to confirm the performance 
of the valve connected to the closed chamber such as a 
cylinder chamber.  Figure 6 (a) shows the experimental 
setup for driving the pneumatic cylinder whose inner 
diameter is 20 mm using the tested valve.  The end of 
the cylinder connected to the weight whose mass is 17.2 
kg.  Figure 6 (b) shows the transient view of the 
moment of the cylinder driven by the tested valve.  It 
can be seen that the cylinder can be driven smoothly 
even if the valve is connected to the closed chamber.  
The valve can work under the both conditions of 
pressurizing into the closed chamber and releasing from 
compressed air chamber.  It means that the tested valve 
can be used as both of supply and exhaust valves. 

(a) Experimental setup for driving cylinder 

(b) Transient view of movement of cylinder 

Figure 6 Experiment for driving cylinder with a load  
of 17.2 kgf(169N) using the tested valve  

COMPARISON TO COMMERCIAL VALVE 

Figure 7 shows the comparison of the size and weight of 
the tested valve with the commercial on/off type 
pneumatic control valves.  The upper bar graph shows 
the comparison of the size of the valves.  The lower 
graph shows the comparison of the mass.  From Fig.7, 
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we can see that the size of tested valve is from one 24th 
to one 16th, the mass is about one 10th compared with 
the commercial valves that have almost same output 
flow rate and same supply pressure range.  We can 
confirm that the tested valve is suitable for the wearable 
control valve because of small size, lightweight and its 
flexible property. 
Figure 8 shows the relation between the electric power 
consumption and supply voltage of the tested valve.  In 
Fig.8, symbol  shows the calculated electrical power 
using the measured current and supply voltage of the 
vibration motor.  The green and blue lines show the 
power consumption using the commercial valves that 
can be driven by the input voltage of 12 volts.  From 
Fig.8, it can be seen that the power consumption of the 
valve decreases according to the decrease of the input 
voltage to the vibration motor.  The minimum power 
consumption of the valve is about 0.6 W, that is one 
second of power consumption using the commercial 
valve.  In addition, the power consumption of the valve 
can be reduced by changing the construction of the  

Figure 7 Comparison of size and mass between the   
    tested valve and the commercial valves 

Figure 8 Relation between input voltage and  
electric power consumption 

valve so as to generate the resonance phenomenon of 
the beam-structured tube in the valve using lower 
electric power. Figure 9 (a) and (b) show the 
comparison of normalized output flow rate between the 
tested valve and commercial valves.  Figure 9 (a) 
shows the relation between the supply pressure and the 
output flow rate normalized by the size of the valves.  
Figure 9 (b) shows the results of output flow rate 
normalized by the mass of the valves.  In Fig.9, each 
symbol ,  and  show the result using the tested 
valve and the commercial valves, respectively.  From 
Fig.9 (a), it can be seen that the normalized flow rate of 
the tested valve is about 10 times as large as those using 
the commercial valves.  From Fig.9 (b), the normalized 
flow rate by the mass of the tested valve is about 6 times 
larger than the commercial valves.  The both 
experimental results prove that the tested valve is 
suitable as a wearable control valve because of 
relatively larger output flow rate compared to their 
weight and size.  

(a) Output flow rate per size of the valve 

(b) Output flow rate per mass of the valve 

Figure 9 Comparison of normalized flow rate between 
the tested valve and commercial valves 
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CONCLUSIONS  

This study that we aim to develop the small sized 
wearable control valve is summarized as follows. 
1) We proposed and tested a flexible control valve that 

consists of a vibration motor and a check valve 
composed of a steel ball and an orifice in flexible 
tube.  We also investigated the operating principle of 
the tested valve.  As a result, we found that the inner 
steel ball of the valve rotated along the inner wall of 
the tube and the constant opening area of the valve 
could be opened by ball rotating. 

2) The output flow rate of the tested valve for various 
input voltages of the valve was investigated.  As a 
result, it was found that the proposed valve could 
generate a constant flow rate even if the input voltage 
of the vibration motor was changed.  As a result of 
experiment for driving the pneumatic cylinder, we 
can see that tested valve can be used as both of 
supply and exhaust valves. 

3) As comparing the characteristics of the output flow 
rate of the valve with the commercial valves on the 
market, the tested valve is suitable as a wearable 
control valve because of relatively larger output flow 
rate for their weight and size. 
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ABSTRACT 
 
ISO 6953:2000 prescribes that forward flow-rate and outlet pressure until maximum flow-rate shall be measured with a 
constant inlet pressure and two or more outlet set pressures, and their relations shall be indicated by curves on a graph 
[1][2].  Since this test requires not only a huge air compressor, but also keeping continuous large flow-rate for a long 
time, enormous energy is consumed. Thus, this paper proposes a method to obtain flow-rate characteristics from 
pressure response on charging/ discharging compressed air into/from an air tank as an alternative test. This test method 
requires none of a huge air source, a long testing time, and enormous energy consumption.  
In this paper, the above-mentioned alternative test was performed to some pressure regulators which had different 
constructions and sizes from one another, and it was verified that the results of the alternative test successfully 
corresponded to the one by ISO 6953 using a flow meter. Examination to optimize the test method was also discussed. 
The running cost to operate the test, which consists of labor costs based on the test time and energy consumption, was 
reduced to approximately one-fifth. 
 

 
KEY WORDS 

 
Pneumatic pressure regulators, Flow-rate characteristics, ISO 6953, Isothermal tank 

 
 
 

NOMENCLATURE 
 
G: Mass flow-rate [kg/s] 
m: Air mass within the isothermal tank [kg] 
p1: Gauge inlet pressure [MPa] 
p2: Gauge outlet pressure [MPa] 
p3: Gauge pressure within the isothermal tank [MPa] 
p1abs: Absolute inlet pressure [MPa] 

p2abs: Absolute outlet pressure [MPa] 
p3abs: Absolute pressure within the isothermal tank [Pa] 
Qmax: Maximum outlet flow-rate [dm3/min (ANR)] 
Qr: Choked relief flow-rate at p2abs [dm3/min (ANR)] 
R: Gas constant 287 [J/(kg•K)] 
t: Time [s] 
T: Absolute temperature of air within the isothermal tank 
[K] 
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T0: Absolute temperature at the standard conditions, 293 
[K] 
V: Volume of the isothermal tank [m3] 

 
INTRODUCTION 

 
As shown in Figure 1, ISO 6953:2000 “Pneumatic fluid 
power – Compressed air pressure regulators and 
filter-regulators” prescribes that forward flow-rate and 
outlet pressure shall be measured with a constant inlet 
pressure and two or more outlet set pressures until the 
maximum flow-rate and their relations shall be indicated 
by curves on a graph.  Since this test requires not only a 
huge air compressor, but also maintaining a continuous 
large flow-rate for a long time, enormous energy is 
consumed.  Thus, this paper proposes a method to 
obtain flow-rate characteristics from pressure responses 
by charging/discharging compressed air into/from an air 
tank as an alternative test.  This test method does not 
require a huge air source, long testing time, or enormous 
energy consumption. 

 

 

 
 

Figure 1 Forward flow characteristics 
 
 

ISOTHERMAL TANK 
 
The structure of the isothermal tank is shown in Figure 2.  
The tank consisting of container and the lid, is stuffed 
with material and has a flow port which connects test 
component.  It also has a source port, with which air is 
charged or discharged in advance, a pressure measuring 
port and a drain port.  The stuffed material should have 
a large heating surface area, large capacity, resistant to 
failure and corrosion-resisting. Thin wire with a diameter 
of 30μm or 50μm made of a material such as copper or 
stainless steel is suitable for stuffed material. 
Figure 3 shows the temperature drop of each tank with 
different capacities and ratios of stuffed copper wire 
having a diameter of 50μm at air discharge.  This data 
was taken when compressed air of 700 kPa was being 

discharged from the stuffed tank for approximately 15 
seconds, that is, with a maximum pressure-drop rate of 
100 kPa/s.  If the density of the stuffed material is 0.3 
kg/dm3, the temperature drop can be suppressed to 3 K or 
less.  In this case, the volume ratio of the stuffed 
material is 3.3 %. 

 
 

 
 

Figure 2 Structure of the isothermal tank 

 

 
 

Figure 3 Isothermal performance 

TEST INSTALLATION 
 
Figure 4 shows the test equipment.  The order of the 
connection of the test equipment is supply tank (A), 
regulator for setting inlet pressure (B), regulator under 
test (C), switching valve (D), and isothermal tank (E).  
Rectifier (F) and pressure measuring connector (M) are 
connected before and after the regulator under test.  The 
sizes of the rectifier, regulator for setting inlet pressure, 
and connecting pipe are twice as large as or more than 
the size of the regulator under test.  A high-pressure 
supply line (G) for relief test is also provided.  If the 
relief capacity of the regulator under test is very small, 
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discharge line (H) with a small isothermal tank and 
switching valve should be used to shorten the testing 
time.  

 
 

 
 
 
 
 
 
 
 
 
 
 

Figure 4 Test installation 

 
TEST PROCEDURES 

 
After inlet pressure is set at, say, 0.63 MPa and the 
regulator under test is set at, say, 0.4 MPa, charge air to 
the isothermal tank by opening the switching valve.  
The flow-rate can be calculated by time-differentiation of 
the pressure in the isothermal tank. The forward 
flow-rate characteristics can be obtained by illustrating 
the relation of the outlet pressure and this flow-rate. 

Then, close the switching valve, and supply air to the 
isothermal tank from the high-pressure supply line up to, 
say, 0.9 MPa.  Open the switching valve, and discharge 
air to the atmosphere from the relief port of the regulator 
under test.  Calculate the flow-rate by the time 
differentiation of pressure within the isothermal tank. 
The relief flow-rate characteristics can be obtained by 
illustrating the relation of the outlet pressure and this 
flow-rate. 

From the equation of the state of air within the tank, 

V
mRTp abs =3                (1) 

Since the capacity of the isothermal tank and the 
temperature in the tank are constant, the mass flow-rate 
can be expressed by the following equation:  

dt
dp

RT
VG abs3=              (2) 

 
TEST RESULT OF REGULATOR (A) 

 
Figure 5 shows the structure of direct operated regulator 
(A) of a body size of G1/2 with the relieving mechanism. 
The test results are as follows. 

Figure 6 shows the pressure response when charging air 
to an isothermal tank of 100 dm3 by opening the 
switching valve after inlet pressure at 0.63 MPa and 
regulated pressure at 0.4 MPa. 

Since the regulator (A) had an extremely small relief 
flow capacity, the circuit was switched to the bypass 
discharge having an isothermal tank of 10dm3 at the end 
of the line to shorten the testing time.  The 
high-pressure supply line for relief was set at 0.9 MPa, 
and air was supplied to the small tank.  The pressure 
response when discharging air to the atmosphere from 
the regulator (A) is shown in Figure 7. 

Figure 8 shows the flow-rate characteristics obtained 
both from the pressure response when setting regulator 
(A) at 0.2, 0.3, 0.4, and 0.5 MPa, and from the test 
results of the flow-rate measurement based on ISO 6953.  
The characteristics curve obtained by calculating the 
measured pressure within the isothermal tank from 
equation (2) and by smoothing by the method of moving 
averages are in good agreement with the results of the 
flow-rate measurement. 

 

Figure 5 Regulator (A) 

Valve assembly 

Valve guide assembly 

Diaphragm assembly 

Body 

Bonnet 
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Figure 6 Pressure responses in the tank during charge – 

regulator (A) 
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Figure 7 Pressure responses in the tank during discharge 
– regulator (A) 

 
 

Figure 8 Flow-rate characteristics of regulator (A) 

 

 

TEST RESULT OF REGULATOR (B) 
 
Figure 9 shows the test structure of the internal pilot type 
regulator (B) of a body size of G1/4 with a 
nozzle-flapper type relieving mechanism. The test results 
are as follows: 

 
 

 

Figure 9 Regulator (B) 

 
Figure 10 shows the pressure response when charging air 
to an isothermal tank of 10 dm3 after setting inlet 
pressure at 0.63 MPa and regulated pressure at 0.4 MPa.  

Figure 11 shows the pressure response when air is 
discharged to the atmosphere from test regulator (B) after 
the high-pressure supply line for relief is set at 0.9 MPa 
and air is supplied to an isothermal tank of 10 dm3.  

Figure 12 shows the flow-rate characteristics obtained 
both from the pressure response with the setting 
regulator (B) at 0.16, 0.25, 0.4, and 0.5 MPa, and from 
the results of the flow-rate measurement based on ISO 
6953.  The characteristics curves for the regulator (B) 
are also in good agreement with the results of the 
flow-rate measurement. 
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Figure 10 Pressure responses in the tank during charge – 
regulator (B) 
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Figure 11 Pressure responses in the tank during 
discharge – regulator (B) 
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Figure 12 Flow-rate characteristics of regulator (B) 

 

CHARACTERISTIC PARAMETERS  
 
As shown in Figure 13, when the forward flow-rate 
characteristics of the regulator are approximated to the 
regression lines L1 and L2, and the relief flow-rate 
characteristics to the regression lines L3 and L4, 
calculated characteristic parameters of the regulator are 
obtained as shown in Table 1.  The forward 
conductance and relief conductance represent the flow 
capacity of the regulator.  The forward slope and relief 
slope represent the pressure regulating performance.  
The dead zone shows the initial pressure difference 
between the forward flow and relief flow.  The 
regulator (A) is a regulator for general purpose which has 
extremely small relief flow capacity compared to the 
forward flow and has a large dead zone.  The regulator 
(B) is a regulator for a precision use which has large 
relief capacity and extremely small dead zone.  

ENERGY SAVING 
 
The total testing time and the energy consumption which 
covers the mounting of the regulator under test to test 
installation, three repeated measurements, calculation, 
plotting, and removal of the regulator from the test 
installation were measured.  Compared to the ISO 6953 
flow-rate measurement test, this proposed test takes only 
1/10 the amount of time and consumes only 1/30 the 
amount of air.  It proves that this proposal offers a time- 
and energy-saving test method. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 13 Definitions of the characteristic parameters 
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Table 1. Characteristic parameters of the regulators 

Parameters Calculation methods Regulator (A) Regulator (B) 

Forward conductance 
01

max
0 600 T

T
p

Q
C

abs

=  16.1 2.49 

Forward slope K0 Gradient of regression L2 -0.00884 -0.0123 

Relief conductance 
02

r
r 600 T

T
p

Q
C

abs

=  0.306 1.46 

Relief slope Kr Gradient of regression L3 -0.643 -0.0318 

Dead zone Pb Initial pressure difference between L2 and L4 30.3 0.00301 
 
 

CONCLUSIONS 
 

1. This paper describes designed test installation 
using an isothermal tank, and the results of the 
charging and discharging tests on two types 
shows good agreement with the test results based 
on ISO 6953 on two types of regulators which 
have different structures and sizes from each 
other. 

2. This test method does not require a huge air 
pressure source.  The testing time and energy 
consumption are extremely less than that of ISO 
6953.  This test method can save both time and 
energy. 

3. This test method should be established as an 
alternative test method by further optimizing the 
equipment specifications and data processing. 
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ABSTRACT 

This study is aimed at developing a small-sized air pump using an originally contrived balloon vibrator for wearable 
devices. The developed pump can compress air by vibrating a balloon vibrator which is composed of a 
doughnut-shaped balloon diaphragm fitted with a circular stainless steel plate. The balloon diaphragm is filled with air. 
This pump has characteristics as an oil-free, doesn't leak air at all, and has a longer stroke than existed diaphragm 
pumps. Therefore, this pump is expected to have higher discharge performance than existed diaphragm pumps. In 
addition, it is also expected to develop an output variable air pump by controlling the inner pressure of balloon. In this 
paper, the structure of the developed pump is described, and then the fundamental characteristics of this pump are 
evaluated.

KEY WORDS  

Pneumatics, Air pump, Wearable device, Small-sized 

NOMENCLATURE 

P : Discharge pressure [Pa]  
Q : Volumetric flow rate [ /sec] 
W : Input power to the pump [W] 

INTRODUCTION 

Recently, many types of movement assist devices 
have been developed because of the falling birthrate and 
the aging population [1]. In a perspective of affinity for 

human, wearable devices using pneumatic rubber 
muscle have been also developed and have been 
expected to come into practical use. 

To drive these devices, air pumps are required. In 
order to realize the stand-alone wearable system, air 
pumps require both high discharge performance and 
portability. However, existed small-sized air pumps 
don’t have enough discharge performance to drive these 
devices. So, there have been some studies about the 
several types of air pumps [2][3][4]. 

This study is aimed at developing a small-sized air 
pump using an originally contrived balloon vibrator. 
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The performance targets of the pump are shown as 
follow. 

1. Discharge performance 
Maximum discharge pressure 350[kPa] 
Maximum flow rate 12.5[Nl/min] 

Both pressure and flow rate are desired to be 
higher. However, in consideration of the 
demanded pressure or the response time of 
wearable devices and the size of the pump, the 
target performance is decided as above.  

2. Size and weight 
Less than 1[kg] (include controller, etc.) 

The size is desired to be small so that the pump 
is not a burden to people when they equip it on 
the waist, etc. 

3. Noise level 
Less than 60[dB (A)] 

This noise level corresponds to the noise of 
normal conversation. But, the noise level is 
desired to be lower. 

 In this paper, the structure of the developed pump 
and characteristics of the balloon vibrator are described, 
and then the fundamental characteristics of this pump 
are evaluated. In addition, the application to an output 
variable air pump is suggested.  

(a) Intake air 

(b) Exhaust compressed air 

Figure 1 Principle of compression 

STRUCTURE OF AIR PUMP 

Structure 
The developed pump in this study adopts the 

reciprocating type that is good for reduction in size and 
weight. And this pump is invented in order to improve 
defects of piston pumps and diaphragm pumps.  

Figure 1 shows the principle of compression of the 
developed pump. This pump is constructed with an air 
chamber and a balloon vibrator. The vibrator is 
composed of a doughnut-shaped balloon diaphragm 
(shown in Figure 2) fitted with a circular stainless steel 
plate. The balloon diaphragm is filled with air and 
serves as a cylinder. By tucking the vibrator with the air 
chamber and vibrating the vibrator up and down, this 
pump can compress air.  

This pump has characteristics as an oil-free, doesn't 
leak air at all, and has a longer stroke than existed 
diaphragm pumps because the vibrator moves using 
deformation of the balloon diaphragm. In addition, this 
pump can discharge higher pressure than existed 
diaphragm pumps because the balloon diaphragm has 
stiffness by filled with air. Therefore, this pump is 
expected to have higher discharge performance than 
existed diaphragm pumps.  

Figure 3 shows the structure and the outlook of the 
prototype pump. This pump lets the balloon vibrator 
vibrate up and down by an electric motor and compress 
air. The movable stroke is 3.5[mm] from the center 
of the air chamber. As an intake and exhaust valve, 
flapper valves are attached. And the weight of this pump 
is 2.6[kg]. 

(a) Dimension 

(b) Outlook 

Figure 2 Balloon diaphragm
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Characteristics of balloon vibrator 
 The balloon diaphragm has been originally contrived 
based on deformation analysis. This diaphragm is made 
of nitrile rubbers, which are generally used for 
diaphragms. In order to inhibit expansion of balloon 
when filled with air, fibers are interweaved inside the 
diaphragm. A tube with a 2[mm] outer diameter is 
attached on the side of the diaphragm in order to control 
the inner pressure of balloon. By controlling the inner 
pressure, the characteristics of the diaphragm can be 
changed. 

Figure 4 shows the relation between the amount of 
displacement of the balloon vibrator and the resistance 
force on each inner pressure of balloon. The measuring 
condition is shown in Figure 5. The resistance force to 
move the vibrator 3.5[mm] from the center of the air 
chamber is measured by the force sensor. Figure 4 
shows that the resistance force of the vibrator is linearly 
related to the amount of displacement, and shows that 
the inner pressure of balloon changes the stiffness of the 
balloon diaphragm. Figure 6 shows the stiffness on each 
inner pressure of balloon. Figure 6 shows that the 
stiffness is linearly related to the inner pressure of 
balloon. 

(a) Structure 

(b) Outlook 

Figure 3 Prototype pump

PERFORMANCE EVALUATION 

Experimental system 
To evaluate the performance of the developed pump, 

discharge pressure, flow rate and input power are 
measured. The experimental system is shown in Figure 
7. The revolution speed is set at every 500[rpm] from 
1000[rpm] to 3000[rpm]. The inner pressure of balloon 
is set at every 40[kPa] from 0[kPa] to 200[kPa] and 
controlled by the electro-pneumatic regulator 
manufactured by CKD. PA-103G manufactured by 
COPAL as pressure gauges, SEF-52 manufactured by 
STEC as a flow meter, and WT200 manufactured by 
Yokogawa Electric as a wattmeter are used for this 
experiment. 
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Figure 5 Measuring condition
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Figure 6 Characteristics of stiffness
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Fundamental characteristics 
 Figure 8, 9, 10, 11 and 12 show the discharge 
performance and the pump efficiency of the developed 
pump on each revolution speed. Each figure shows the 
measurement result in the normal operation of the motor. 
The pump efficiency  is calculated using Eq. (1).  

W
QP     (1) 

   From the figures, the maximum discharge pressure 
is about 250[kPa](the revolution speed 2000[rpm], the 
inner pressure of balloon 200[kPa]), the maximum flow 
rate is about 57[Nl/min](the revolution speed 3000[rpm], 
the inner pressure of balloon 200[kPa]), and the 
maximum efficiency is about 90[%](the revolution 
speed 2000[rpm], the inner pressure of balloon 
200[kPa]). Therefore the suggested pump mechanism 
using a balloon vibrator serves as the air pump well. 

Figure 7 Experimental system 
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Figure 8 Characteristics of the pump (1000[rpm]) 
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Figure 9 Characteristics of the pump (1500[rpm]) 

However, if the discharge pressure becomes higher 
than the inner pressure of balloon, the discharge 
performance comes down. When the discharge pressure 
becomes higher than the inner pressure of balloon, the 
balloon diaphragm gets dented and the volume of inside 
of the air chamber increases. The discharge volume by 
vibrating the vibrator decreases as much as the volume 
of inside of the air chamber increases. This is the reason 
why the discharge performance comes down. 

In order to compare with the developed pump, the 
performance of an existed pump for medical use (shown 
in Figure 13) is evaluated too. The experimental system 
is the same as the developed pump. Figure 14 shows the 
discharge performance of the existed pump. From the 
figures, the maximum discharge pressure is about  
280[kPa](the revolution speed 1500[rpm]), the 
maximum flow rate is about 55[Nl/min](the revolution 
speed 3000[rpm]), and the maximum efficiency is about 
80[%](the revolution speed 2000[rpm]). Though the 
developed pump is inferior in the discharge pressure, it 
is comparable in the flow rate and superior in the pump 
efficiency to the existed pump. 
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Figure 10 Characteristics of the pump (2000[rpm]) 
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Figure 11 Characteristics of the pump (2500[rpm]) 
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Figure 12 Characteristics of the pump (3000[rpm]) 
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Application to output variable air pump 
Figure 15 shows the discharge volume per cycle. 

Though the maximum volume is about 0.025[Nl/cycle], 
the volume tends to decrease as the revolution speed 
increases. It is thought that flapper valves don’t work 
well at the high revolution speed. Therefore, it is needed 
to consider the size, the configuration, and the mounting 
location of the valves.

(a) Side view 

(b) Top view 

Figure 13 Outlook of existed pump 
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Figure 14 Characteristics of existed pump 

From the figures, the discharge pressure doesn’t 
depend on the revolution speed but the inner pressure of 
balloon. Therefore, the developed pump can meet 
various uses only to change the inner pressure of 
balloon without changing the mechanical structure. In 
addition, it is expected to apply to an output variable 
pump that can change the discharge performance 
continuously by controlling the inner pressure of 
balloon. 
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Figure 15 Relation between pressure and volume 
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So, the discharge pressure is measured in setting the 
revolution speed 2000[rpm], the flow rate 0[Nl/min], 
and changing the inner pressure of balloon every 
40[kPa] in a step from 0[kPa] to 200[kPa]. The 
discharge pressure is changed continuously by changing 
the inner pressure of balloon as shown in Figure 16. 

In order to realize the output variable pump, it is 
needed to use compressed air which the developed 
pump itself discharges to control the inner pressure of 
balloon. It means the inner pressure of balloon is less or 
equal to the discharge pressure. Therefore, it is needed 
to consider the control method, even as to look into the 
possibility more. 
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Figure 16 Output variable air pump 

CONCLUSION 

In this paper, it is described about the air pump using 
the balloon vibrator for wearable devices and shown 
that the suggested pump mechanism serves as the air 
pump well from the performance experimentally 
evaluated. The balloon diaphragm originally contrived 
has a linear stiffness and the inner pressure of balloon 
can control the discharge performance. These 
characteristics are very useful functions for the design 
of the air pump. 

Issues for the future are shown as follow. 
The design of the most suitable air chamber 
and the select of the most suitable motor for 
the reduction in size and weight in order to use 
for wearable devices. 
The design of the most suitable valves to 
improve intaking and exhausting air 
The test and improvement of the durability of 
the balloon diaphragm 
The reduction of noise level and vibration 
The invention of control method for the output 
variable pump. 
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ABSTRACT

Shock absorbers are vital devices for high speed driving with pneumatic cylinders and it is important to select the 
suitable shock absorbers to use pneumatic systems without trouble. It is commonly believed that the absorbed energy by 
the shock absorber is the sum of kinetic energy and thrust energy, which are important parameters to set up the 
pneumatic system. In a typical selecting method of the shock absorber, the value of thrust energy is estimated from the 
value of only supply pressure. However, the selecting method has been regulated for hydraulic systems and the 
estimated value of thrust energy in the pneumatic systems is not approximate, because inner pressures in the pneumatic 
cylinder is not stable and quite different from the supply pressure. Finally there are many bad combinations of the 
cylinder and shock absorber in the pneumatic system.
In the research, we experimentally investigate the formula for estimation of the thrust energy, which is defined in the 
selecting method of shock absorbers. Experimental results show that accuracy of the formula to select the shock 
absorber is inefficient. Additionally we examine on parameters that affect the thrust energy and compensate the formula.

KEY WORDS 

Shock absorber, Absorption energy, Evaluation formula, Pneumatics

NOMENCLATURE

E : Collision energy
EV : Max collision energy with velocity V
E1 : Kinetic energy
E2 : Thrust energy
m : Mass of load
P : Differential pressure
F : Thrust of cylinder
Em : Max absorption energy
Vm : Max velocity of collision
L : Stroke of absorption
V : Velocity of collision

D : Diameter of cylinder
: Variable of situation
: Variable of situation

INTRODUCTION

There have been many various systems with 
pneumatic cylinders in the manufacturing industry.
Generally, shock absorbersare used along with the
pneumatic cylinders, becauseit is necessary to cushion 
the impact and vibration when the cylinder is stopped at
a stroke end.
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To select the appropriate shock absorbers for the 
cylinder, it is important that the absorbed energy by the 
shock absorber, which is composed of kinetic energy 
and thrust energy, is estimated. In a typical selecting 
method of the shock absorber the value of thrust energy 
is derived from the supply pressure. It is a problem that
the estimated value is not approximate because inner 
pressure in the pneumatic cylinder is not stable and 
quite different from the supply pressure. Finally there 
are many bad combinations of the cylinder and shock 
absorber in the pneumatic system.

We have experimentally investigated the formula for 
estimation of the thrust energy, which is defined in the 
selecting method of shock absorbers. Especially, an
influence of the compressible differencebetween 
hydraulic and pneumaticis considered.

SHOCK ABSOBER

Figure 1 shows typical charactersaboutthree kinds of 
shock absorbers. These characteristics depend on the
inner structure of shock absorbers. Show inner the
structure of shock absorbers in figure 2. First, shock 
absorber is assist device that generate force for
frequency and shock at stroke end. Naturally it isn t
good thateven if force to generate is too strong and 
weak. Thus, the selection of shock absorber is very 
important.

Figure 1 Characters of shock absorbers

(a) Single (b) Multi (c) Linear

Figure 2 Inner structure of shock absorbers

SELECTED FORMULA

Selected formulas, to use now, are shown in Eq.(1)~(3).

=
× (1)

= + = + (2)

= × (3)

It is made up two elements: we consider that given 
energy of shock absorber equal total of kinetic energy 
and thrust energy, E1:kinetic energy, E2:thrust energy. 
Especially, thrust energy is influenced by compaction 
property of working fluid. Hence, supply pressure by 
tank is employed when calculation of thrust,but it is not 
always true that the value equal actual value.

COLLISION EXPERIMENT

We experimented with device such as figure 3.This 
device is simply, because, we installed speed controller,
load, displacement gauge, pressure gauge on rodless 
cylinder and connected tank. We let work collide in 
shock absorber as well as record displacement of work, 
pressure of supply side and exhaust side. Show the list 
of changed parameter in experiment for table 1.

Figure 3 Experimental device

Table 1 Changing parameter

Supply pressure[MPa]

Diameter of cylinder[mm]

Load[kg]

2, 4, 9 (D=16)

2, 4, 9, 14, 19, 24, 29 (D=25,40)

0.3, 0.35, 0.4, 0.45, 0.5

16, 25, 40
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RESULT AND DISCUSSION

Result of experiment

First, show an example of the experimental results in 
figure 4.

Figure 4 Experimental results (D=16, m=2, P=0.5)

Aqua line of figure 4represents differential pressure in 
experiment. This value is important to calculate
collision energy, because, it yields thrust, Eq.(3). Stroke 
of shock absorber with experiment device is 10[mm], so
we can consider that work was starting to collide in 
shock absorber when displacement of figure 4 equal 10.
So, we assumed differential pressure when stareting to 
collide in it is reference value for parameter P. On that 
basis, we calculated theoretical and experimental value 
of collision energy. Figure 5 shows theoretical and 
experimental values of collision energy.

Figure 5 Collision energy (D=16, m=2, P=0.3)

Influence of pressure

We showed collision energy in figure 5, but collision 
energy encompasses kinetic and thrust energy. Of them, 
as for value of kinetic energy, both theoretical and 
experimental are the same. Now, therefore, figure 6 is 
derived thrust energy from collision energy and plots 
each velocity.Figure 6 represents that experimental 
value is generally lower than theoretical value and 
changed by velocity. So, change of experimental values 

by supply pressure is smaller than theoretical values. 
From Eq. (2),(3) selected formulas don t contain 
velocity term. Conversely, selected formulas contain 
pressure term. These things are new items considered by 
us. 

Figure 6 Change of thrust energy (D=16, m=2)

Influence of load

In this section, an influence of loadis considered. Figure 
7 shows results of changing load.We can make sure two 
type that change of thrust energy is effected from 
load.One is made up two straight lines, another is made 
up line and curve.

Figure 7 Result of changing load (D=25, P=0.5)

Figure 8 Kinetic energy and thrust energy D=16, P=0.5
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Straight line is dominant when low load, curve is 
dominant when heavy load. Thrust energy term of 
selected formula also doesn t contain load term. 
However, effect of load isn t only thrust energy. Figure 
8 shows ratio of thrust energy to kinetic energy.
If load is heavy, ratio of kinetic energy becomes big and 
effect of thrust energy is small. By contraries, if load is
low, ratio of kinetic energy becomes small and effect of 
thrust energy is big. So, difference between heavy and 
low load is a little when velocity is low. Hence, we have 
to become more chariness to use shock absorber when 
velocity is not high. 

Transition of differential pressure

Transition of the thrust energy is linked withtransition of
the differential pressure. The differential pressure is 
affected by compressibility of pneumatic, and it changes 
by situation of the experimental device. Figure 9 show 
example of transition ofthe differential pressure.

Figure 9 Transition of differential pressure

Approximate equation

If it is assumed that values of the velocity and load are 
small and the thrust energy is proportional to the 
velocity, the approximate equation become to Eq. (4).

= + (4)

and represent variable of situation. These change 
upon situation of experimental device. For example, 
supply pressure, stroke of cylinder, etc. Especially, we 
consider five points is important from compaction 
property of pneumatic and experiment.

1. Supply pressure
2. Stroke of cylinder
3. Velocity
4. Diameter of cylinder
5. Load

Figure 10 and 11 show actually appliedEq. (4).If apply 
Eq. (4), have to fix and . In this case, we fixed from 
many experiment. But, there is a problem in precision 

still more. Experimental value is nearly linear when 
diameter of cylinder is small. However, error becomes 
large when diameter of cylinder is big. Even so, 
compensation value is more accurate than theoretical. 

Figure 10Results of compensation (D=16, m=9, P=0.3)

Figure 11Results of compensation (D=40, m=4, P=0.4)

CONCLUSION

Weexperimentally investigate the formula for estimation 
of the thrust energyin the typical selecting method of the 
shock absorber.Experimental results show that accuracy 
of the formula by the supply pressure is inefficient. 
Additionally we examine on parameters that affect the 
thrust energy and compensate the formula. The formula
with the compensationis as follows.

= + =
×

+ + (5)
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ABSTRACT 

This paper deals with the simulation of the dynamic characteristics of an air gripper by a new bond-graph method. 
Recently, pneumatic systems are widely used with food equipments and wrapping ones, etc. However, the design and 
the improvement of those pneumatic systems take much time because they depend largely on the experience of 
designers. In order to make them more effective and systematic, it is necessary and important to predict the dynamic 
behavior of the system beforehand by computer simulation. An air gripper is often used as an actuator in a pneumatic 
system. However, there are few reports focused on its dynamic characteristic as authors know. In this paper, to obtain a 
suitable mathematical model for an air gripper and to show the usefulness of the proposed bond-graph method, both 
experimental and simulation studies are performed. In modeling for pneumatic field, the new bond-graph method is 
employed, which had been proposed by some of authors. In the bond-graph method, a pneumatic system can be 
represented by using conventional 1-port C and 1-port R elements. 

KEY WORDS  

Pneumatics, Air Gripper, Bond-graph method, Dynamic Characteristics, Simulation 

NOMENCLATURE 

A : area [m2]
Ae : effective area [m2]
M : mass of air in a chamber or a volume [kg] 
m  : mass flow rate [kg/s] 
P : absolute pressure [Pa] 
R : gas constant [J/(kg K)] 

T : absolute temperature [K] 
t : time [s] 
V : volume [m3]
v : velocity [m/s] 
x : displacement [m] 

 : specific heat ratio 
Subscripts 
A : atmosphere 
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E : experiment 
F : finger 
H : head side of an air gripper
P : piston 
R : rod side of an air gripper 
S : air supply 
Si : simulation 

INTRODUCTION 

Recently, pneumatic systems are widely used with food 
equipments and wrapping ones, etc. Generally speaking, 
the design and the improvement of those pneumatic 
systems take much time because they depend largely on 
the experience of designers. In order to make them more 
effective and systematic, it is necessary and important to 
predict the dynamic behavior of the system beforehand 
by computer simulation. 
Pneumatic systems have mechanical and pneumatic 
fields. Pneumatic field has compressible fluid-flow and 
thermal fields. In constructing the bond-graph model for 
such a system, true or pseudo bond-graph has so far 
been employed. Furthermore, in constructing the model 
for the pneumatic field, two kinds of bonds, which 
represent both fluid power and thermal power, have 
been used, and multi-port C and multi-port R elements 
have been frequently used in the model as well [1-6]. 
Hence, the resulting bond-graph models are complicated. 
Then, a new bond-graph method had been proposed [7]. 
In the bond-graph method, the bond-graph models for 
pneumatic components are derived by using 1-port C 
and 1-port R elements. However, the usefulness of the 
method is not clear because the comparison of the 
simulated results with the experimental ones has not 
been shown. 
An air gripper is often employed as an actuator in a 
pneumatic system. However, there are few reports 
focused on its dynamic characteristic as authors know. 
In this study, to obtain a suitable mathematical mode for 
an air gripper and to confirm the usefulness of the 
proposed bond-graph method, both experimental and 
simulation studies are performed. In simulation, 
Mr.Bond [8] is used, which is a simulation program for 
bond-graph model. 

OUTLINE OF NEW BOND-GRAPH METHOD 

In this section, outline of a new bond-graph method [7] 
is shown, that is, each bond-graph model for restriction, 
chamber of a pneumatic cylinder and a volume of a 
pipeline is shown. In constructing the bond-graph model 
for pneumatic field, pseudo bond-graph is employed, in 
which effort is absolute pressure and flow is mass flow 
rate. In mechanical field, true bond-graph is used, in 
which effort is force and flow is velocity. 

Restrictive element 
At a restriction illustrated in Fig. 1(a), the continuity 
equation yields 

mmm 21  (1) 

where im  (i=1,2) is the mass flow rate through cross 
sections 1 and 2 in Fig. 1(a), respectively. 
The mass flow rate through the restriction can be 
expressed by Eq. (2) and (3).  

1
1

1
1

1
2

1
2

RTPeAm

528.0P
P0

(2)

1

1
2

2

1
2

1
1

1
2

P
P

P
P

RT
1

1
2PeAm

1P
P528.0

(3)

As can be seen from Eq. (1), flow m  is equal at the 
restriction. And, from Eqs. (2) and (3), flow m  is 
expressed as a function of effort P1 and P2. Therefore, 
the restriction can be represented by 1-junction and an 
R-element as shown in Fig. 1(b). In order to calculate 
mass flow rate m  based on Eqs. (2) and (3), 
temperature T1 is necessary. Therefore, temperature T1 is 
inputted to R-element through the active bond which is 
denoted by full arrow and transmits a signal. 
Capacitive elements 
At a head-end chamber of a pneumatic cylinder shown 
in Fig. 2, the heat transfer through a wall is assumed to 
be neglected to make the bond-graph structure simple. 
Then, from the first law of thermodynamics, Eq. (4) can 
be derived. 

vAP*TmRVtd
Pd

 (4) 

Assuming that T* and P in the right-hand side of Eq. (4) 
can be replaced with the values at one time step before 

(a)Restriction          (b)Bond-graph model 

Figure 1 Bond-graph model for restriction 
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the time, we get Eq. (5): 

0H1t1t
0H

PdtvAPm*TR
AxVP (5) 

where VH0 is the head-end chamber dead volume and 
PH0 is the initial pressure at the chamber. 
As can be seen from Eq. (5), effort P can be determined 
by integrating flow m  and v. And effort P is equal in 
the head-end chamber of the pneumatic cylinder. Hence, 
the head-end chamber of pneumatic cylinder shown in 
Fig. 2 can be modeled by a C-element and 0-junction as 
shown in Fig. 3. However, in order to calculate effort P
from Eq. (5), two SF-elements and a C-element is 
employed. And then, this C-element is used as a mere 
integrator. Furthermore, to calculate the temperature of 
air in the head-end chamber of pneumatic cylinder from 
Eq. (6), an SF-element and an SE-element are employed 
as a mere calculator. And then, the flow of the bond 
between these elements represents the temperature of air 
in the head-end chamber of pneumatic cylinder at one 
time step before the time. 

TT,
MR
PV

T 1t (6) 

Similarly, the pressure at the rod-end chamber of a 
pneumatic cylinder shown in Fig. 4 can be determined 
by Eq. (7). 

0R1t1t
0R

PdtvAPmRT
AxV

P (7) 

In Eq. (7), VR0 is the volume of the rod-end chamber 
when piston displacement x is equal to 0. 
As seen from Eq. (7), effort P can be calculated by 
integrating flow m  and v. And effort P is equal in the 
rod-end chamber of the pneumatic cylinder. Therefore, 
the rod-end chamber of pneumatic cylinder can be 
represented as shown in Fig. 5. Then, it should be noted 
that the temperature of air in the rod-end chamber is 
used in calculating the pressure of air in the chamber by 
Eq. (7). 
Similarly, the pressure in a pipeline shown in Fig. 6 can 
be represented by Eq. (8). 

021211t1 Pdtmt-TmT
V
RP )(( -) (8) 

In Eq. (8), P0 is the initial value of the pressure in the 
pipeline. 

m

T,P
Piston

x:Piston displacement

A:Area of piston
V:Volume

v:Piston velocity

Control surface
*T

Figure 2 Head-end chamber of pneumatic cylinder 

vAP 1tmRT*
1t

vAPmRT 1t*1t
*

1tT

1tT

Figure 3 Bond-graph model for head-end chamber of  
pneumatic cylinder 

m

T,P

Control surface

Piston

A:Area of piston
V:Volume

v:Piston velocity

T

Figure 4 Rod-end chamber of pneumatic cylinder 

vAP 1t mRT*
1t

1tT

1tT
mRTvAP 1t1t

Figure 5 Bond-graph model for rod-end chamber of  
pneumatic cylinder 
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As seen from Eq.(8), effort P can be calculated by 
integrating flow m . And effort P is equal in the 
pipeline. Therefore, the pipeline can be modeled by 
bond-graph as shown in Fig. 7. In calculating the 
pressure of air in the pipeline by Eq. (8), it should be 
noted that the temperature of air in the pipeline is used. 

STRUCTURE OF AIR GRIPPER 

The structure of an air gripper is shown in Fig.8. When 
compressed air flows into the rod end chamber of the air 
gripper through the port, the levers revolve around the 
fulcrum and the piston moves downward. And then, the 
fingers close. In the case where compressed air flows 
into the head end chamber of the air gripper through the 
other port, the fingers open. In this study, simulation and 
experiment are carried out for the case where the fingers 
close.

BOND-GRAPH MODEL FOR AIR GRIPPER 

Figure 9 shows the pneumatic system with an air 
gripper as an actuator. The compressed air through a 
solenoid valve flows into the rod end chamber of the air 
gripper. And then, the fingers close.  
By using the bond-graph models for restrictive element 
and capacitive ones mentioned before, the bond-graph 
model for pneumatic system in Fig. 9 can be derived. 
The resulting bond-graph model for the pneumatic 
system is represented in Fig.10. In constructing the 
bond-graph model, the followings are assumed: 

• At the air supply, both pressure PS and temperature 

Figure 8 Structure of air gripper 

Figure 9 Pneumatic system 
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Figure 10 Bond-graph model for pneumatic system  
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T1 of air are constant. 
• The pressure and temperature of air upstream of the 

solenoid valve are equal to those at air supply.  
• The heat transfer through the wall is neglected at the 

pipeline between the solenoid valve and the port at 
the rod end side of the air gripper, at the rod-end 
chamber and the head-end one of the air gripper.   

SIMULATION AND EXPERIMENT

Prior to simulation, it is necessary to predict the friction 
of the air gripper. Firstly, to predict the friction at the 
piston of the air gripper, experiments and simulations 
were carried out for the air gripper without the finger 
and the lever. The bond-graph model to predict the 
friction of the piston is illustrated in Fig.11. Based on 
the bond-graph model, the simulations were carried out 
varying supply pressure PS. Then, the effort of the bond 
connected to SE1 was pressure PR in the rod end 
chamber obtained by the experiment, and the effort of 
the bond connected to SE2 was pressure PH in the head 
end chamber obtained by the experiment at the same 
time. And, by comparing the experimental results and 
the simulated ones, the friction at the piston was 
predicted. Figure 12 shows an example of a comparison 
of piston displacement XP in both the experiment and 
the simulation. 
Consequently, it becomes clear that its stiction is 5.0N 
and friction FD in the case where the piston moves can 
be approximated by Eq. (9) and coefficient of friction 
KD in Eq. (9) is 95.0N s/m.  

vKF DD (9) 

Secondly, by using air gripper with the levers and 
fingers, the above mentioned experiments and 
simulations were carried out. As a result, the friction 
characteristics became close to ones in the case where 
the air gripper without the levers and the fingers was 
employed. Therefore, it is shown that the friction of the 
air gripper is mainly determined by the friction at the 
piston. 
By using the predicted friction characteristics and the 
bond-graph model expressed in Fig.10, the simulations 
were carried out varying supply pressure PS. The 
comparison of the simulated results and experimental 
ones are shown in Fig.13 and Fig.14. The comparison of 
time tE and tSi is shown in Table 1. In this table, time tE
and tS denote the time until the fingers close in the 
experiment and the simulation respectively. As seen 
from Figs. 13 and 14, the simulated results agree with 
experimental ones. Therefore, the proposed new 
bond-graph method is proved to be valid and useful for 
the modeling of a pneumatic system. In addition to it, 
the bond-graph model for an air gripper proposed in this 
paper is suitable in the prediction of its dynamic 
characteristics. And from Table 1, by using this 
bond-graph model, the time until the fingers close can 
be predicted within 7.0% error.  

Figure 11 Bong-graph model for air gripper without 
levers and fingers 

Figure12 Experimental and simulated results for 
air gripper without levers and fingers 
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Figure 13 Simulated and experimental results 
(PS=0.4MPa abs) 
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CONCLUSIONS
     
The bond-graph model for an air gripper is derived by a 
new bond-graph method. By the use of the bond-graph 
method, restrictive or capacitive element in pneumatic 
system can be represented by 1-port R or 1-port C 
element. To clarify the validity of the bond-graph model 
for the air gripper and the usefulness of the new 
bond-graph method, experiments and simulations were 
carried out. 
The simulated results agree with the experimental ones, 
and the validity of the bond-graph model for the air 
gripper and the usefulness of the new bond-graph 
method are shown. 
This study has been supported by SMC Co., Ltd.. We 
would like to thank here for their cooperation. 
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ABSTRACT 

A simple way to increase the extinguishing water surface area is to atomize water into fine drops. The smaller drops are 
developed, the better use of water properties can be implemented and less water is consumed in fire fighting. The 
automatic impulse extinguishing is created. The main aim of the investigation is to develop the approach to investigate 
the dynamic and hydrodynamic processes in the extinguishing device. The mathematical model of the extinguishing 
device is presented, where the flow of liquid and gas and the interaction of liquid with the gas are taken into 
account.  The flow of fluid in a hydraulic system is described by a system of equations of a hyperbolic type, which is 
solved by a characteristics method. An instance of the mathematical simulation of the activity extinguishing device is 
shown.  

KEY WORDS  

Extinguishing device, gas, liquid, dynamics, numerical methods 

NOMENCLATURE   

xa    : acceleration along  x axis 

gxa   : acceleration of gas along  x axis 
C (Re, v) : function 

ccg ,   : sound velocity in the gas and liquid 

d    : internal diameter of a pipeline 
E    : modulus of elasticity of a pipeline 
e    : thickness of a wall of a pipeline

v,p,tF  : vector of external forces and moments 
F aero  : air resistance force 

mvf     : force 

pvf  : function 

inG  : input mass flow

outG  : output mass flow of gas (air) 
J   : Jacobian matrix, 

K (p) : bulk modulus of elasticity of liquid 
2L   : length of pipeline (second chamber). 

M  : matrix of mass 

vm : mass of fast response valve mechanism  
N  : number of drops 
p; pg : pressure of fluid; pressure of gas 
Q  : thermal quantum 
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q   : vector of displacement 
q ; q : vector of velocity; vector of acceleration 

R  : gas constant
xS  : cross section area of a pipeline 

1vS  : cross-section area of the first valve 

2vS  : cross-section area of the second valve 
T  : temperature of fluid 
v;  vg : velocity of fluid; velocity of gas 

  : ratio of gas volume in the liquid 
  : index of adiabatic process 

 : piecewise flow function  

1   : orifice discharge coefficient 
; g : density of fluid; density of gas   

cr  : critical pressure ratio 
  : tangential liquid stress  

x  : perimeter  
 : vector of  Lagrange multipliers 
 : vector of  constraints 

INTRODUCTION 

The extinguishing systems comprise systems designed 
for the supply of the extinguishing materials 
(extinguish-ants) to fight fires. Water has been the most 
available and the most frequently used extinguishing 
material since times remembered. Water is distinguished 
for its distinctive physical and chemical qualities. For 
instance, it is noted for its heat absorption 
characteristics that the majority of the natural 
substances lack. For many years people have been 
trying to find better ways of delivering water to the 
scene of an accident and using it in the most effective 
way in fire fighting. It is not infrequent that damages 
resulting from inefficient application of water exceed 
those done by fire to the burned down property and 
other valuables. Water used in fire fighting tends to leak 
out and pollute the environment and severely deteriorate 
the ecological conditions in general. Although various 
up-to-date pumps, hoses, nozzles and sprayers are used 
to extinguish fires, water-based fire extinguishing 
technologies have not reached the top level of 
performance. Even using the modern centrifugal pumps, 
it is not possible to prevent water spillage on the scene 
of a fire accident. In fact, this leaking water is not 
involved in fire extinction but is being contaminated and 
wasted. 
This is due to the fact that part of this water fails to 
absorb the entire possible heat and tends to evaporate.  
This is also explained by the high tension of the water 
surface, which does not allow it to penetrate into the 
burning substances. It is evident that the more we will 
atomize the water, the more of the surface area we will 
be able to obtain from the same volume of water, which  

will directly contact with the fire heat and thus water 
properties will be used more efficiently. For instance, if 
water were poured as if from the bucket, its features 
would be used only at 5 % efficiency. Thus, the increase 
of the surface area of the extinguishing water augments 
the efficiency of the water consumption as well. The 
simple way to increase the extinguishing water surface 
area is to atomize water into fine drops. The smaller 
drops are developed, the better use of water properties 
can be implemented and less water is consumed in fire 
fighting. The pressure energy of the pressurized and 
out-flowing water through the opening (i.e. fire nozzle) 
is transformed into a jet kinetic energy. If we use the 
energy of the compressed air or other gases to eject 
water through the nozzle (instead of the compressed 
water energy) the jet speeds could be much faster. The 
water droplet speed within the jet sprayed out in an 
ordinary way reaches tens m/s, while using the 
compressed air energy the water droplet speed can reach 
hundreds m/s. Furthermore, because of such speeds, 
water spray is atomized into fine droplets due to the air 
resistance (even up to 2 microns in diameter). 
Consequently, the extinguishing water cover area 
enlarges as well as the water efficiency. The devices 
with such properties can be usable in portable version. 
This is very important to extinguishing small fires. 
Small fires by statistics reach more than 50% of all fires. 
When water is supplied in fine droplets, it is possible to 
reach the use of all of its properties as close as 100 . In 
addition, the factor of the possible damage of the 
property and other valuables by water flooding is 
eliminated completely: facilities that are not within the 
extinguishing area remain safe from being flooded. The 
majority of fires could be addressed while using 
portable effective extinguishing devices. 
Scheme of an automatic hydraulic and pneumatic nozzle 
is presented in Figure 1 [1,2].  

3
1

2

8 5

4
67

Figure 1 Scheme of automatic hydraulic and pneumatic 
nozzle
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An automatic hydraulic and pneumatic nozzle consists 
of a water chamber (1), a compressed air chamber (2), a 
fast response valve (3), a fast response valve automatic 
control mechanism (4), and compressed air and water 
sources. The water chamber (1) is supplied from water 
source or reservoir; the compressed air chamber (2) is 
supplied from the compressed air source or reservoir. 
The expanding air expels water from the water chamber 
(1) due to that water jet is divided into fine droplets. 
After having activated the fast response valve automatic 
control mechanism (4) process is repeated constantly 
and water jets are ejected in series. The fast response 
valve automatic control mechanism (4) has three valves 
(6,7 and 8). 
The water drops move with the velocity V1 , absorb the 
environment heat with temperature Ta and steam in the 
same breath (Figure 2).  

Figure 2 Scheme of drop thermal interchange  

The change of thermal flow is directly proportional for 
the number of drops: 

35 /NvRe,C
dt
dQ

     (1) 

The dependence surface area of one litre water drops 
from the drops diameter in Figure 3 is presented.  

Figure 3 Dependence between surface area of drop and 
its diameter 

II. MATHEMATICAL MODEL OF 

EXTINGUISHING DEVICE  

The extinguishing device consists of   two chambers 
(air container and water compartment) and two valves. 
The first valve is the fast reaction valve. The second 
valve opens when the pressure reaches particular 
pressure. When the fast reaction valve begins to open, 
the second chamber divides in two volumes. In the first 
volume there is a high pressure of air and in the second 
volume there is a high pressure of water. 
The dynamic model of the extinguishing device is
shown in the Figure 4. Cross-section area 1vS  of the 
first valve is the function of time. Cross-section area  

2vS  of the second valve depends on the pressure 

2Lx,tp (Figure 5). The second air volume and 
water the compartment is separated by the surface G
(Figure 4). 

Figure 4 Scheme of extinguishing device 

According to the first law of thermodynamics, the 
whole thermal energy moved with gas is spent for the 
change of the internal energy and for the work of the 
expansion of gas in a volume. 
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Figure 5 Dependence of cross-section area of 
second valve on pressure  

The continuity and movement equations of viscous and 
compressible fluid in pressure pipe have the following 
form [3-7]: 
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An equation of one-dimensional movement of gas and 
liquid can be written as the system quasi-linear 
differential equations: 

g
g

g
g f

u
B

u
xt

,               (4) 

fuBu
tt

      (5) 

where   
g

g

ggg

g v

cv

1B

2

; gg
T
g v,pU ;

            

x
xS

xS
p

ta
D

vvRe,
sing

x
xS

xS
vc

g

g
gx

gg

ggg

T
g

2

f

2

x
xS

xS
pta

D
vvRe

sing

x
xS

xS
vc

x

T

2

f

2

;

sound velocities cg and c is equal to: 
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The change of pressure of the volume is determined 
from the following equation: 

dt
dV

V
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V
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outG is determined on the formula  Sen-Venan and 

Vencel [1]: 
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To take account of the subsonic and sonic flow, the 
piecewise flow function  is defined as follows: 
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where cr  is the critical pressure ratio given by  

.cr
1

1
2

The dynamics model of the fast response valve 
automatic control mechanism (4) (Figure 1) consists of 
four masses and eight chambers with variable pressures.. 
The system of equation of fast response motion valve 
automatic control mechanism have the following form: 

vvvi,mv
vi

vi p,q,qf
dt

qdm 2

2
41 ,,..,i ,   (10) 

vvvj,pv
vj p,q,qf

dt
dp

, 61,...,j .   (11) 

For quality work fireman have forces acting on the 
extinguishing device when out flowing water through 
the fire nozzle. The main force is recoil force. The 
dynamics model of fireman is created. The fireman with 
the extinguishing device is considered as multi-body 
system. The dynamics model consists from eleven rigid 
bodies. 
The recoil force acting along the extinguishing device 
axis is equal: 

aeroGlyqvvx FxpSSppSF 22211 , (12) 
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The system of equations describing the movement of the 
extinguishing device and fireman is as follows [8]: 
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  III. THEORETICAL ANALYSIS 

An example of the extinguishing device is considered.  
The following data of the extinguishing device were 
used: the length of the water compartment is 0.25 m, the 
volume of the air container is equal to V1 1.5 10-3 3m ,
the initial pressure in the air container is 2.0 MPa, the 
inner diameter of the water compartment is equal to  
0,025 m. The time integration step is equal to 2.0 10-6 s .
Dependences of displacements of fast response valve 
automatic control mechanism upon time first mass is 
presented in Figures 7a.  
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Figure 7a Dependences of displacements: first mass  

The displacements of valves of the automatic control  
mechanism upon time fast response valve (3) are shown  
in the Figure 7b. 
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Figure 7b Dependences of displacements: fast response 
valve 3 

The pressures in the chambers of valves of the 
automatic control mechanism are shown in the Figure 8.  
The forces acting on the extinguishing device are shown 
in the Figure 9. 
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Figure 8 Dependences of pressures: a) first chamber;  
b) chamber of valve (3) c) compressed air chamber (2)  
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Figure 9 Dependence of recoil force upon time 

In the Figure 10 are shown distribution of the cloud of 
water drops in the different moments of time. 

a)

b)

c)

Figure 10 Distribution of the cloud of drops of water  

IV. CONCLUSION 

   A new automatic impulse extinguishing is created. 
The approach for simulating hydrodynamic processes of 
the extinguishing device has been developed. The 
composed mathematical model of the extinguishing 
device takes into account wave motion of a liquid. The 
Differential equations, describing hydrodynamic 
processes inside the extinguishing device, help analyze 
the movement of liquid and gas better and more 
precisely. The period of vibration of fast response valve 
is about 1.4 s and this time can be regulated by changing 
stiffness of valves. At the end of a pipeline of the
extinguishing device the maximum velocity of liquid 
reaches 60 m/s. 
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RESEARCH ON NEW ENERGY-SAVING VACUUM EJECTOR 
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ABSTRACT 

Jet vacuum ejectors currently used have a defect of large air consumption due to the need of continuous and constant 
air supply. To solve this problem, a novel technical structure of the jet vacuum ejector with flow self-regulation by an 
adjustable cone has been investigated. In this paper, the structure, key technologies and experiment of this new jet 
vacuum ejector are introduced. In the new ejector, by means of the adjustable cone, the effective cross section at the jet 
nozzle throat could be adjusted so as to realize the reduction of air supply and achieve energy saving. For this, a key 
technology for the new structure called chamber-separating pneumatic-magnetic driving is studied, in which a vacuum 
detecting-differential pressure actuating and non-contacting pneumatic-magnetic driving with a coaxial magnetic ring- 
axial structure are implemented. Experimental results for the flow self-regulated vacuum ejector have shown that the 
vacuum response time and maximum vacuum of new ejector are almost equivalent to the constant-area vacuum ejectors 
with the relative parameters, but the air consumption could save about 14.8%. 

KEY WORDS 

Vacuum ejector, Vacuum feedback, Magnetic actuating, Air consumption, Energy saving 

INTRODUCTION

As a kind of operation form in automation, vacuum 
attraction technology is widely used in industry [1]. 
However, as a kind of locally-used vacuum generator, 
an ordinary jet vacuum ejector must be supplied 
continuously with constant air when working, so that 
large air consumption and large corresponding energy 
consumption are caused. It is an unsolved technology 
problem how to reduce the energy consumption but to 
maintain the original working performance in 
developing a new kind of energy-saving ejector. 
Focusing on this problem, much research work has been 
done recently. For example, there is newly-developed  
vacuum-generating unit, which integrates vacuum 
nozzle, check valve and vacuum switch [2] and could 
control solenoid valve to shut off the air supply when 
system vacuum reaches at a set vacuum value. When 

removing workpieces with this vacuum unit, the air 
consumption could be decreased to 80% or so [3]. 
However, due to the increase of flow resistance brought 
by the check valve and corresponding up to 40% 
decrease of the exhaust flow, the vacuum response time 
of this unit would be obviously increased. Another 
example is a kind of energy-saving parallel-nozzle 
ejector [4~6]. In this ejector, two parallel nozzles which 
have different diameter have been used to realize quick 
vacuum response within the vacuum response stage. 
Within the vacuum maintaining stage, only the smaller 
nozzle is switched to work by a solenoid to maintain the 
vacuum for energy saving. But the parallel-nozzle 
ejector could not adapt various kinds of complex 
working conditions because there are only two fixed 
nozzles and therefore the energy saving effect of the 
parallel-nozzle ejector is still not so perfect. In this 
paper, a new energy-saving technology for jet vacuum 
ejector is presented. The research idea is to adjust the 
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effective cross section of the nozzle by means of 
automatic technical operation so as to achieve the result 
to regulate the air supply and reduce the air 
consumption. For this, the structure, key technologies 
and experiments of this new jet vacuum ejector are 
introduced in following sections. 

THE STRUCTURE AND KEY TECHNOLOGIES 

OF VACUUM EJECTOR WITH FLOW 

SELF-REGULATION 

The Structure of Vacuum Ejector with Flow 

Self-regulation 

The general structure of vacuum ejector with flow 
self-regulation is shown in Figure 1. (This new ejector 
with flow self-regulation has applied for China Paten). 
It is made of two components, one is the vacuum 
generating component and another is the flow 
self-regulation component, in which the working 
principle of the vacuum generating component is as 
same as that of a normal jet vacuum ejector, i.e., when 
the ratio of the pressure at the nozzle throat in the Laval 
duct 9 to the supply pressure exceeds a certain value, 
the supersonic jet flow could be formed at the outlet of 
the Laval duct. At the nozzle throat there is a vacuum to 
be produced. Then the flow from the suction chamber 
into the mixing chamber is formed and the ejecting gas 
is brought out of the ejector through the mixing duct. 
Therefore the local vacuum in the suction chamber 
could be formed. If the change of the supply 
temperature could be neglected, the supply flow rate q
is in direct proportion to the effective cross section of 
the nozzle throat tA  [7]. 
In the flow self-regulation component, the adjustable 
cone 10 connected with the slave core is in the front of 
Laval duct and is coaxial with the Laval duct. The 

Figure 1 The structure of vacuum ejector with flow 
self-regulation 

magnetic ring 4 and the magnetic ring 5 are installed on 
the active ring 3 and the slave core 6 respectively. The 
left chamber adjacent to the active ring 3 is open to the 
atmosphere and the right chamber is connected with the 
vacuum chamber of the ejector. When the ejector ceases 
working, the active ring, the slave core and the 
adjustable cone are all on the end of the left position 
where the adjustable cone keeps a distance away from 
the Laval duct throat (indicated with the real line in the 
Figure 2). When vacuum is generated by the ejector, a 
pressure difference on the two sides of the active ring 
could be formed and the active ring would be moved to 
the right. Thus the slave core and the adjustable cone 
would be driven towards the right and approaches the 
Laval duct throat by the magnetic force of the two 
magnetic rings (indicated with the broken line in the 
Figure 2). Therefore, the effective cross section of the 
nozzle throat could be adjusted so as to realize the 
reduction of air supply and achieve energy saving. 
Technology of Vacuum Detecting And Differential 

Pressure Actuating 

The driving force of the vacuum ejector with flow 
self-regulation is one of the key technologies in the 
structure design of the ejector. A vacuum 
feedback-differential pressure actuating technology has 
been presented which is illustrated in Figure 2. In this 
technical scheme, the working vacuum pressure is fed 
back directly to the vacuum chamber. The active ring is 
used to detect and amplify the differential pressure 
between vacuum and atmosphere pressure and the 
differential pressure is used for the driving force of the 
moving components. The merit of the scheme is that it 
directly utilizes the vacuum pressure to drive the 
moving components and could meet the work 
requirements of automatic flow regulation according to 
the real-time working vacuum. Moreover it has such 
advantages as rapid response speed, simple structure 
and good reliability. 

Figure 2  Scheme of the vacuum feedback-differential 
pressure actuating technology 
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Technology of Pneumatic-Magnetic Driving With 

Chamber-Separating 

As above-mentioned, the driving force of the moving 
component is produced from the normal pressure 
chamber constituted of atmosphere pressure chamber 
and the vacuum chamber, while the adjustable cone 
acting as a flow regulation part is in the high pressure 
chamber where the supplied air flows through, so it is 
another key technology how to use the driving force 
coming from the normal pressure chamber to drive the 
adjustable cone in the high pressure chamber, as well as 
to keep reliable sealing between the two chambers. The 
normal mechanical transmission-mechanism is difficult 
to satisfy the sealing requirement between the two 
chambers. A pneumatic-magnetic driving with 
chamber-separating and  coaxial magnetic ring-axial 
structure has been presented. As shown in Figure 1, the 
magnetic force between two magnetic rings which are 
embedded in the active ring 3 and the slave core 6 
respectively could realize the non-contracting driving 
from the normal pressure chamber to the high pressure 
chamber. The merit of this technology is that under the 
condition of effective driving of the adjustable cone it 
could ensure that the two chambers are not connected 
through in structure and satisfy radically the sealing 
requirement between the two chambers. 

THEORETICAL MODEL 

Dynamic Model of Flow Self-Regulation Component 

The force analysis of the flow self-regulation 
component is shown in Figure 3. 

1p A 2p A
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Figure 3  The force analysis of the active ring and the 
slave core 
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In Eq.(1)~Eq.(4), m is mass of moving component,[kg], 
y is displacement of moving component,[mm], p is

pressure,[MPa], A is area of the active ring,[mm2], 
tk is coefficient of resilience,[N/mm], 0y is initial 

compressed displacement of spring,[mm], fF is friction 
force,[N], yF is magnetic force,[N], is induction 
density,[T], 0 is vacuum magnetic conductivity, s is 
average circumference of the magnetic ring 
couple,[mm], y is lag displacement with which little 
magnetic ring moves behind the big one,[mm], L is
width of the magnetic ring,[mm], h is thickness of the 
magnetic ring,[mm], c is radial distance of center of 
cross section between two magnetic rings,[mm]. 
Effective Cross Section of Nozzle Throat 

When the adjustable cone is not inside the nozzle, the 
effective cross section of the nozzle throat can be 
expressed as 

2
04tA d  (5) 

When the adjustable cone is inside the nozzle, as shown 
in Figure 4, the effective cross section of the nozzle 
throat can be expressed as 

2 0

0 2 0

sin

sin cos
tA l y x

d l y x
 (6) 

0x

2y

l

0d

Figure 4  Relative location of adjustable cone and 
nozzle

In Eq.(5)~Eq.(6), 0d is diameter of the nozzle 
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throat,[mm], l is axial length of the cone for the 
adjustable cone,[mm], 0x is initial design location of the 
adjustable cone,[mm], is half angle of the cone for 
the adjustable cone,[°], is correcting coefficient. 
Air Consumption of Vacuum Ejector

The air consumption of vacuum ejector Q can be 
expressed as 
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Q q t

p A k t
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 (7) 

In Eq.(7), sp is supply pressure,[MPa], sT  is supply 
temperature,[K], k  adiabatic coefficient, R is gas 
constant, p  correcting coefficient. 

REGULATING STRATEGY OF THE 

ADJUSTABLE CONE 

When the adjustable cone is inside the nozzle, the flow 
field of the vacuum ejector would tend to be bad due to 
the change of the structure parameter of the duct. If the 
regulating strategy of the adjustable cone is not 
reasonable, the performance of the ejector would be 
dropped greatly and as a result the ejector might not 
work normally. Therefore it is necessary to find a 
reasonable regulating strategy of the adjustable cone.
Force on the Adjustable Cone from Airflow

The forces that airflow exerts on the adjustable cone are 
shown in Figure 5. 
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Figure 5  Forces that airflow exerts on the adjustable 
cone

The resultant force F could be expressed as 
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In Eq.(8), d is the column diameter of the adjustable 
cone,[mm], ip is the airflow pressure distribution on 
the cone of the adjustable cone,[MPa]. 
When the distance x with which the adjustable cone 
enters the nozzle throat is 0 (i.e., the adjustable cone is 
not inside the nozzle), 0.5mm, 1.0mm, 1.5mm, 2.0mm, 
2.5mm respectively, the airflow pressure distribution

ip  on the cone of the adjustable cone obtained from 
simulation by CFD (Computational Fluid Dynamics) 
method is shown in Figure 6. It can be clearly seen that 
the bigger x is the shorter the high pressure range on the 
cone is and the longer the low pressure range is. 
Moreover, the gradient from high pressure range is 
gradually enlarged with the increase of x.

Figure 6  The airflow pressure distribution on the cone 
of the adjustable cone 

The airflow resultant force F exerted on the adjustable 
cone for different x is shown in Figure 7. It can be seen 
that the resultant forces are all positive for different x
and the bigger x is the larger the airflow resultant force 
is. Therefore, such conclusion could be drawn that the 
airflow force tends to push the adjustable cone into the 
nozzle throat. 

Figure 7  The airflow resultant force on adjustable 
cone

Study on Regulating Strategy of The Adjustable 

Cone

When the distance x is 0, 0.5mm, 1.0mm, 1.5mm, 
2.0mm, 2.5mm respectively, Mach number and the 
static pressure along the axis of the 2-D flow field for 
vacuum ejector obtained from simulation by CFD are 
shown in Figure 8. It can be seen that Mach number of 
the nozzle throat is increased with the increase of x, the 
supersonic field shifts to an earlier position and the 
oscillation of Mach number is increased. Moreover, the  
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(a) Curves of Mach number 

(b) Curves of static pressure along axis 
Figure 8  Comparison of flow fields for different x

maximum vacuum field shifts from mixing chamber to 
the taper exit of the nozzle and the vacuum of the 
mixing chamber is gradually decreased. In addition, 
Mach number of the flow field in the secondary throat is 
also gradually decreased and the absolute pressure tends 
to increase. In simulation, when x 2.0mm, the flow 
speed in the secondary throat is still sonic. For example, 
the maximum vacuum in the mixing chamber is about 
65kPa when x=2mm. However, Mach number in the 
secondary throat is smaller than 1, while the absolute 
pressure is higher than 0.1MPa when x=2.5mm, i.e., the 
air flow in this field has been decreased to subsonic 
speed and the vacuum in the mixing chamber has been 
reduced to 40kPa. This indicates that the vacuum ability 
of ejector is too weak to maintain normal operation. 
Therefore, regulating strategy of the adjustable cone 
should be suggested that the distance with which the 
adjustable cone enters the nozzle throat should be 
controlled within a range which is determined by the 
required minimum vacuum of the ejector in real 
operation. For example, when the minimum vacuum 
required by the real operation of the vacuum system is 
65kPa, the distance with which the adjustable cone 
enters the nozzle throat should be controlled within 

2mm under the given condition for tested prototype 
ejector.

EXPERIMENTAL RESULTS 

The experimental studies have been conducted to 
measure the working performance of the flow 
self-regulated vacuum ejector (self-regulated ejector in 
short). For comparison, the vacuum generating 
component of the flow self-regulated vacuum ejector 
(constant-area ejector in short) has been measured too. 
The experimental apparatus is shown in Figure 9. In the 
experiment, the supply pressure is 0.55 MPa, the 
volume of the vacuum chamber is 1 L and the diameter 
of the nozzle throat is 2 mm. 

Figure 9  Experimental apparatus 
The testing results for the self-regulated ejector and the 
constant-area ejector are shown in Figure 10. 

(a) Curves of vacuum 

(b) Curves of supply flow rate
Figure 10  Comparison of measured working 
performances for the self-regulated ejector and the 

constant-area ejector 
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Usually the normal vacuum range of the vacuum system 
is from 63% to 95% of the maximum vacuum. The time 
when the vacuum reaches 63% of the maximum vacuum 
90 kPa is defined as the vacuum response time and in 
this case it is 57 kPa. From Figure 10 (a), it can be seen 
that the vacuum response times of the self-regulated 
ejector and the constant-area ejector are almost the same, 
about 1.25s. This indicates that the quick vacuum 
response performance of the self-regulated ejector is as 
good as that of the constant-area ejector. Moreover, 
although the maximum vacuum of the self-regulated 
ejector in the vacuum keeping stage is less than that of 
the constant-area ejector, this vacuum is still kept above 
80kPa. This indicates that the vacuum of the 
self-regulated ejector could still maintain the normal 
operation. From Figure 10 (b), it can be seen that before 
3 s curves of the supply flow rate of the two kinds of 
ejectors are almost coincident. However, after about 3 s, 
the supply flow rate of the self-regulated ejector is 
obviously less than that of the constant-area ejector. The 
supply flow rate of the constant-area ejector is 270 
L/min at the vacuum keeping stage, while that of the 
self-regulated ejector is 230 L/min. As a result the air 
supply is reduced by about 14.8%. 
The comparison of air consumption of the self-regulated 
ejector and the constant-area ejector on each time point 
within 20 s is shown in Figure 11. It can be seen that all 
the air consumption of the self-regulated ejector on 
every time point is less than that of the constant-area 
ejector. If the time of a working cycling is 20 s, the air 
consumption of the self-regulated ejector within one 
working cycling could be reduced by about 13.3 L 
compared to that of the constant-area ejector. It can be 
roughly figured out that the self-regulated ejector could 
reduce the air consumption about 12,768 L in every day 
if the time of a working cycling is 20 s, the time interval 
is 10 s and the whole working time of everyday is 8 h. 

Figure 11  Comparison of the air consumption 

CONCLUSION 

Jet vacuum ejectors have a defect of large air 
consumption in use. To solve this problem, in this paper, 
a novel jet vacuum ejector with flow self-regulation by 
an adjustable cone has been presented and implemented 
for the first time. For this, research for the general 
structure, key technologies and experiment of this new 
jet vacuum ejector have been conducted. Some 
conclusions could be drawn as follows. 
(1) The structure of the flow self-regulation ejector has 
been studied and realized. The vacuum feedback- 
differential pressure actuating technology and the 
chamber-separating pneumatic-magnetic driving with a 
coaxial magnetic ring-axial structure have been 
presented. The technical problem of non-contacting 
driving resulted from the sealing requirement between 
the high pressure chamber and the normal pressure 
chamber has been solved. 
(2) The accurate forces that airflow exerts on the 
adjustable cone in the two-dimension flow field are 
analyzed. Then the regulating strategy of the adjustable 
cone has been studied and suggested, i.e., the minimum 
vacuum required by the normal operation of the vacuum 
system must be greater than 65kPa, while the distance 
with which the adjustable cone enters the nozzle throat 
should be controlled within 2mm under the given 
condition for tested prototype ejector. 
(3) The basic working characteristics of the flow 
self-regulation ejector have been tested. Experimental 
results have shown that the vacuum response time and 
maximum vacuum of new ejector are almost the same 
compared to the constant-area vacuum ejectors with  
corresponding parameters, while the air consumption 
could be reduced by about 14.8%.  
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ABSTRACT 

Air cylinders have been used with meter out control.  In these cases, the outlet pressure of air compressors are set at 
0.5~0.7[MPa] for consumption air saving, and so downstream pressure of the actuator is low level, such as nearly 
atmospheric pressure. For pneumatic energy conservation, it is most important that supplying air use effectively. A lot of 
small cylinders are worked in automatic factory product systems, and air supply lines are longer between compressor 
and these cylinders.  So, in a plant, energy consumption of pneumatic system is bigger and gets big losses.  
In this paper, the authors propose that the exhaust pressure of the cylinder hold middle level (0.2~0.5[MPa]), and so the 
downstream available for running air blow guns etc. This paper shows the air cylinder dynamics at start and stop, then 
the parameter are exhaust pressures, cylinder load, supply piping length. Assuming that exhaust flow is used effectively, 
the proposal method available to prove energy conservation of pneumatic systems. For example, the exhaust pressure 
setting 0.2[MPa] reduce 15% of pneumatic energy consumption. 

KEY WORDS  

Eco-System, Cylinder, Meter Out, Modeling  

NOMENCLATURE 

A : receiving pressure area 
a : heat transfer area 
cP : specific heat at constant volume 
cV : specific heat at constant pressure 
E : energy 
fF : friction force 
G : mass flow rate of air 
h : specific enthalpy 
M : Mass 

    :   heat transfer coefficient 
m : moving load 

p : pressure 
Q : inlet flow rte 
R : gas constant 
T : temperature 
t : time 
V : volume 
x : piston displacement 

suffix
1  :  source            2  :  load 
S  :  supply  
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INTRODUCTION 

In many fields, the concrete reduction in CO2 
emissions has been required since the Kyoto Protocol 
came into effect in February 2005. Japan has not yet 
solved the assignment of the 6% reduction in CO2 
emissions. The situation urges also the field of 
pneumatic power systems to develop any practical 
measures for reducing CO2 emissions. Despite its 
application to a wide variety of use, for example 
auto-assembly machines, pneumatic power systems are 
estimated to be less energy-efficient comparing with 
electric or hydraulic power systems. The estimation is, 
however, based on its energy-efficiency in a steady 
operating state and doesn’t always apply to intermittent 
operations. 
 In this situation, the authors have developed the  
experimental research for reducing CO2 emissions in 
pneumatic cylinders which are the typical operational  
parts of pneumatic power systems. The research          

Figure 1 Effects of Exhaust Pressure (Simulation) 

proposed the measures to reduce the amount of air 
consumption in meter-in circuits and showed its 
effectiveness. Then the measures in meter-out circuits 
have been considered on the greater use in general. As a 
method to reduce the amount of air consumption in 
meter-out circuits, lower air pressure is generally 
supplied. But this makes bad effects such as the lower 
sensitivity of response and holding power. Therefore the 
authors will propose that higher exhaust line pressure 
than atmospheric pressure should be applied to 
meter-out circuits to reduce the amount of air 
consumption as keeping its characteristic. This idea was 
led by the fact that many plants use their compressed air 
for air blowing the most and provides efficient use of air 
supplied from exhaust lines for air blowing. 

THE PROPOSED DRIVING METHOD 

This proposal comes from the basically unchanged 
behavior of air cylinders with choked flow on the 
exhaust side.  
As obviously shown in Fig.1, the driving side cylinder 

pressure is almost unrelated to the exhaust line pressure 
(i.e. the initial pressure) and the exhaust side cylinder 
pressure is constant and unrelated to the exhaust line 
pressure until the piston reaches the end of its stroke.  

These show that the cylinder response is almost 
unrelated to the exhaust lien pressure if choked flow 
occurs on the exhaust side. This corresponds to the 
fundamental concept of meter-out circuits in which the 
stroke speed can be adjusted by supplying compressed 
air to the driving side cylinder and controlling the 
exhaust side pressure with speed controller on the 
exhaust side. From another angle, while meter-in 
circuits control the amount of supplied energy so that 
the systems provide energy conservation (reduction of 
air consumption), meter-out circuits do not directory 
control the amount of supplied energy so that this 
method attempts reducing air consumption by the higher 
exhaust line pressure. 

THE OUTLINE OF THE EXPERIMENTAL SETUP 

The flow chart of the experimental setup is shown in 
Fig.2. The air cylinder is set horizontally and drives the 
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load on the cart with the linier bearings. The exhaust  
The experiments for this paper assume that the load 

should give constant force. The load is connected to the 
rod of the air cylinder with the wire through the pulley. 
The load direction same with the driving direction is 
defined as positive. The load direction opposite to the 
driving direction is defined as negative. The inlet side 
of the cylinder is called primary. The exhaust side is 
called secondary. The air tank supplied the air of 
constant pressure through the pressure regulator gives a 
virtual exhaust line. 

Figure 2 Experimental apparatus 

line is represented by the air tank with its inside 

pressure constant.
The following equation was used for the simulation. 
1) Equations of mass conservation 

2)  equations of energy conservation 

3)  state equations of ideal gas 

4)  equation of load mass 

CONSIDERATION BY THE EXPERIMENTS 

THE VALIDITY OF THE SIMULATION 

 Fig.3 illustrates one of the experimental results. It 
obviously shows that the response of the cylinder is 
almost unrelated to the exhaust line pressure at 
0.6[MPa] of air pressure on the supplying side and 
0.3[MPa] or less of exhaust line pressure. This is 
reasonable in that choked flow on the exhaust side 
causes the exhaust line pressure to have no effect. 
Comparing with the simulation result in Fig.1, the 
similarity which provides the validity of the simulation 
model appears. 

THE EFFECTS OF THE TUBE VOLUME 

Tube volume cannot be ignored for the cylinder 
volume of smaller pneumatic cylinders. Therefore the 
higher exhaust line pressure gives more effective 
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reduction in the amount of air consumption for the tube  

Figure 4  Air Consumption Saving 

volume. improves the response slightly and controls 
the projection speed. 

Fig.4 illustrates estimation, the possible amount of 
reducing air consumption along with tube volume to 
cylinder volume. As it obviously shows, in the case of 
larger tube volume for a small pneumatic cylinder, the 
air consumption reduction rate at 0.6[MPa] of driving 
pressure and 0.3[MPa] of exhaust line pressure becomes 
approximately 30%. 

Then the effects of exhaust line pressure on response 
when tube volume cannot be ignored were investigated. 
One of the experimental results is illustrated in Fig.5. 

It is known that a cylinder with its exhaust line 
pressure set in the range of choked flow can drive as the 
exhaust line pressure is set at usual atmospheric 
pressure and that a cylinder can drive normally without 
choked flow if the cylinder pressure on the exhaust side 
and the tube pressure give almost the critical pressure 
ratio. This means, in this case, the higher exhaust line 
pressure around 0.3[MPa] has almost no effect on the 
response. Or rather, the higher exhaust line pressure 
An increase in the rate of tube volume may also 

increase the rate of start-up delay to cylinder stroking 
time. But it is conceivable that higher exhaust line 
pressure allows tube pressure at a higher level to rise to 
reduce start-up delay. 

Figure 6 Experimental Results(Tube Volume 20 Times) 
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THE EFFECTS OF THE LOAD 

Fig.7 and Fig.8 illustrate the experimental results. 
Fig.7 is one of the results when the negative load (the 
opposite direction to the piston driving direction) was 
applied. It shows that the higher exhaust line pressure 
improves the start-up delay. No bad effect of the higher 
exhaust line pressure can be observed. The 
improvement is caused by a faster rise in the primary 
pressure because of the high initial pressure on the 
primary side (the exhaust line pressure). But the loaded 
condition requires such higher differential pressure for 
its start-up that the primary pressure should increase 
almost up to the supplied pressure and the secondary 
pressure should decrease. It is considered this decreases 
the improvement in the start-up delay. The load also  
requires such higher differential pressure for its driving  
that the secondary pressure plunges into the range of no  

choked flow to decrease the driving speed. These appear  
obviously as the load rate becomes higher. 

Fig.8 illustrates the results when the positive load 
(the same direction with the piston driving direction) 
was applied. This shows the improvement in the start-up 
delay and a rise of the secondary pressure. The 
differential pressure required for its start-up becomes 
lower because of the force toward the piston driving 
direction added by the load and can be reached faster 
because of the high initial pressure on the primary side 
(the exhaust line pressure). These improve the start-up 
delay. In addition, the secondary air is compressed so 
that the pressure becomes higher to give choked flow 
even in the range of the exhaust line pressure without 
choked flow normally. 

These give a stable drive. That is to say, higher 
exhaust line pressure makes no bad effects on driving 
maximum value tends to be lower as exhaust line 

Figure 8 Experimental Results (Load factor +20%) 
Figure 7 Experimental Results (Load factor -20%)  
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and improves start-up delay. Focusing on speed, a 
pressure becomes higher. As described above, however, 

start-up delay can be reduced to improve the 
immediacy of response. 

In the condition of actual use, the backward driving 
of reciprocation is typically without load. For a 
comprehensive driving-efficiency, the use in the range 
of choked flow without load is recommended. 

 Then the experiment on the effect of the load rate 
with the exhaust line pressure constant was made. Fig.9 
illustrates one of the results at 0.2[MPa] of exhaust line 
pressure. No bad effects of the higher load rate on its 
driving can be observed. In the result, the load adds the 
force toward the piston driving direction to improve the 
response. In addition, no remarkable projection with the 
higher load rate can be observed. The secondary 
pressure increases greatly as the load rate becomes 
higher. 

CONCLUSIONS 

This paper examined the measures to reduce the 
amount of air consumption in meter-out circuits with 
higher exhaust line pressure from the viewpoint of the 
effect of tube volume and driving load. It was shown the 
method improves the immediacy of response (caused by 
higher initial cylinder pressure on the driving side) and 
reduces the amount of air consumption as long as the 
condition of choked flow and lower maximum driving 
force are noted. It was proved that while the 
characteristic of the method depends on the load 
direction, it improves the immediacy of response in the 
both directions and can be applied to actual use even if 
the effect of load is considered. 
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ABSTRACT 

In previous researches, a novel portable pneumatic power source, called a Dry Ice Power Cell, and a novel pneumatic 
power assisted lower limb for outdoor walking powered by Dry Ice Power Cell, called a DPAL were developed. In this 
paper, an improvement in design of the DPAL is presented. For those people whose muscle and balance remains in good 
condition but who have joint pain (hip or knee joint) in their leg and are unable to walk outdoors for long, the developed 
device can partially lift the patient in a comfortable way by pneumatic cylinder when the affected leg touches the floor, 
reducing the load to which it is subject as well as the pain joint forces, thus relieving pain during walking. The 
developed device has the characteristics of a simple structure, low weight, easy to don and doff, and with sufficient 
capability to bear about 40% of the body weight. In this paper, the structure, function and experiments are described. 

KEY WORDS  

Walking Assist, Joint Pain, Wearable Fluid Power 

NOMENCLATURE 

A : cross area of cylinder piston 
c : load threshold 

af : assist force 

refaf : reference assist force 

bf : affected leg load 

K : assist ratio 
refP : reference cylinder pressure 

INTRODUCTION 

Since our society is rapidly aging, there are increasing 
needs of walking assistance device for the old people. In 
order to develop a comfort walking assist device with 
advanced function and liberate the hands, powered 
assist device is believed an effective way. However, 

because all components of such device including 
actuator, power unit and control system are required to 
be carried by a person, it is necessary for all the devices 
made in light weight and compact size. 

Many efforts have been put on developing pneumatic 
powered walking assist devices in the past [1]-[3]. 
However, the lack of portable pneumatic power source 
makes them use bulky installed air compressor which 
will drastically impair the compactness of whole 
pneumatic system. It is believed that to realize a 
practical powered outdoor walking assist device, a 
portable pneumatic power source is necessary. 

In the previous researches, a novel portable 
pneumatic power source, called a Dry Ice Power Cell[4], 
and a novel pneumatic power assisted lower limb for 
outdoor walking powered by Dry Ice Power Cell, called 
a DPAL were developed[5]. In this study, an 
improvement in design of the DPAL is proposed. It has 
the characteristics of a simple structure, low in weight, 
easy to don and doff and with sufficient capability to 
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bear about 40% of the body weight during about 1000 
steps of outdoor walking assist, using the power of the 
Dry Ice Power Cell.  

BASIC CONCEPT

Use of Dry Ice Power Cell 

Structure and photo of developed Dry Ice Power Cell 
is illustrated in Figure 1. Dry Ice Power Cell weighs 
600g, and stores 430g dry ice, thus the total weight is 
about 1kg and can comfortably be carried on a waist 
belt. 430g dry ice can evaporate to 218NL gas of carbon 
dioxide and can provide various output flowrate at a 
constant pressure of 0.42MPa. 

Figure 1 Structure and photo of Dry Ice Power Cell 

When the maximum cylinder pressure is, for instance, 
0.24MPa (57% of Dry Ice Power Cell’s output pressure), 
a 4cm diameter cylinder can provide 30kgf force so that 
DPAL can be made in small size. Moreover, assuming 
the stroke of cylinder needed during one step assist is 
3cm, the gas consumption will be 0.13NL which means 
all the gas evaporated from 430g dry ice can afford 
1680 steps of walking assist. Even considering gas leaks 
at pipe and valve, Dry Ice Power Cell is supposed to 
drive DPAL for at least 1000 steps. 

Proposal of DPAL 

The concept of DPAL is illustrated in Figure 2. It 
comprises a saddle supplied with a hip fastening device 
(a suspender over the shoulders in this study), an air 
cylinder, a telescopic pipe with innerpipe lock 
mechanism inside, and a rubber foot. The lower part of 
the telescopic pipe is connected to the affected leg side 
shoe through furniture. When the foot at affected leg 
side touches the ground and steps the furniture 
downwards, the innerpipe lock locks, pipe2 is locked in 
pipe1, the extension force from the air cylinder can be 

transmitted from ground to the torso. On the other hand, 
when the affected foot starts to leg swing, the innerpipe 
lock unlocks, pipe2 slides inside the pipe1 freely and 
follow the movement of affected foot, so that DPAL 
makes no restriction on the swing movement of the 
affected leg. 

Figure 2 Concept of Pneumatic Power Assisted Lower Limb (DPAL) 

Figure 3 Control system with insole force sensor in ill leg

The concept of DPAL’s control system is illustrated in 
Figure 3. An insole force sensor is set in the shoe to 
measure the body weight born by the affected leg. Then 
the measured data is sent to a controller. The controller 
calculates the control signal and sends it to electro 
pneumatic transducing regulator thus controls the 
pressure send to the cylinder. By this way the assist 
force from DPAL is controlled. 

Control algorithm 

The relationship between leg force and assist force 
from DPAL is illustrated in Figure 4.  
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Figure 4 Concept of control rule of pneumatic power assist 

When the affected leg is in stance phase, the affected 
leg load bf is measured by the insole force sensor inside 
the affected leg shoe. When the measured data is lager 
than load threshold c  ( kgfc 20 in this study), air 
cylinder starts to extend to provide assist force. When 
the reference assist force refaf to load 
increment cfb  ratio is defined as assist ratio, the 
following equation can be given. 

0
(

ref )cf(
)cf)cf(K

f
b

bb
a

    (1) 

Assuming the retract spring of air cylinder is weak, 
and slide friction between piston and cylinder can be 
neglected, the reference pressure of air cylinder can be 
calculated by equation (2). 

A
f

p a ref
ref          (2) 

Such load threshold setting is because when the 
maximum affected leg load is reduced to a tolerable 
level, joint pain will be released. As shown in Figure 4, 
affected leg load is reduced from A-A’ to B-B’ level, the 
load incline is also decreased from CA to CB. Only by 
adjusting two parameters of c and K , even to random 
human motion, a continuance walking assist control can 
be achieved. That is another merit for such settings. 

DESCRIPTION OF THE STRUCTURE

Construction of the developed DPAL is illustrated in 
Figure 5. It comprises a saddle, an air cylinder, a 
telescopic pipe with innerpipe lock mechanism inside, a 
rubber foot, furniture, and a electro pneumatic 
transducing regulator.  

In order to extremely minimize gas consumption, and 
prolong the walking assist duration, a innerpipe lock 
mechanism is used. 

The stageless adjustable telescopic pipe with 
innerpipe lock mechanism inside is a remake of a “Free 
lock stick” (SUMITA co.). In order to explain the 
principle of it, the sketch graph is illustrated in Figure 6. 

Figure 5 Construction of DPAL 

Figure 6 Principle of innerpipe lock mechanism (not to scale) 

When the affected leg foot steps on the furniture, pipe 
C is lowered, the spring beneath it is compressed and C 
is separated from link B. The B will open wider by the 
force of a torsion spring thereon and its three shafts 
closely contact with a square rod A. B has a top end 
connecting with pipe2 through a pin, while the top end 
of A is fixed on pipe1. When A is pushed downwards, B 
will open wider and its three shafts strongly press 
against A to form a secured lock, thus pipe1 and pipe2 
are locked together. On the other hand, when the 
affected leg is in swing phase, the compressed spring 
raises C, C push B to make it close narrower, three 
shafts of B separate from A without pressing it, thus A 
will pass B freely and pipe 1 and pipe2 are unlocked. By 
this way, B can lock the telescopic pipe at any position 
whenever the foot touches the ground and unlock it 
whenever the foot starts to swing. The telescopic pipe 
can change its length within 150mm, and can bear more 
than 100kg bodyweight. By this design, not only the 

773 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



swing movement is not restricted but also the gas 
consumption is decreased because the necessary stroke 
of the air cylinder is reduced to the minimum. 

EXPERIMENT

The experimental setup for confirming the function of 
DPAL is illustrated in Figure 7. In order to examining 
the relationship between the foot load and the assist 
force, developed insole force sensor is not used, and a 
testing stand with three load cell is used to measure the 
foot force and assist force instead. An 80kg weight 
person stands on two load cells while DPAL is located 
on the third load cell. Torso weight is alternately 
transferred between the left and right legs while DPAL 
provides assist force simultaneously. The measured data 
is recorded into the computer. In addition, measured 
signal by load cell under the affected leg is transferred 
to the controller. Then the controller generates control 
signal, and sends it to electro pneumatic transducing 
regulator, thus controls the pressure of air cylinder 
according to the reference pressure calculated on 
equation (2). 

Control parameter setting is load threshold kgfC 20
and assist ratio 1K . A sample of experimental 
results is illustrated in Figure 8 which show the 
maximum affected leg load is reduced about 30kg. The 
experimental results confirm the effectiveness of the 
DPAL. In addition, the experiment confirms that 
DPAL can assist walking for about 1600 times (about 
1hour walking assistance). 

Figure 7 Experiment setup for testing the response of the DPAL 

Figure 8 Experimental result sensed by load cell ( 1K )

CONCLUSIONS

In this study, a novel pneumatic power assisted lower 
limb, called a DPAL, is proposed by using Dry Ice 
Power Cell as its power source. It is confirmed useful 
for those people whose muscle and balance remains in 
good condition but who have joint pain (hip or knee 
joint) in their leg and are unable to walk outdoors for 
long. It can assist with outdoor walking not only over 
flat ground but also sloped and stair areas.  
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ABSTRACT 

This paper discusses an Internet-based tele-rehabilitation system with Single-Master and Multi-Slaves, which aims to 
achieve the situation where multiple stay-home patients in scattered places can share rehabilitation instruction from one 
physical therapist. After the introduction of whole system’s concept, ‘Passive-Active Shift’ rehabilitation is proposed 
considering the varied symptom of different patients. Then after introduction of master slave system’s designing, for 
passive rehabilitation which is carried through internet-based bilateral teleoperation system by therapist who is 
necessary, novel control architecture to ensure the stability of tele-rehabilitation system with time delay is proposed. For 
active rehabilitation, game-based active rehabilitation is proposed to draw the patients’ mind into rehabilitation which is 
important to reestablish neuromuscular control. 

KEY WORDS  

Tele-rehabilitation, Telerobotics, Time-delay, Bilateral Teleoperation 

INTRODUCTION 

For patients with neurological impairment, to 
stimulate neurological system by moving paralyzed 
limbs will call back brains’ potential ability, reestablish 
neuromuscular control and lead to the function which 
will make it possible to move their body as the patients 
wish. Generally, it is supposed to be effective for 
patients to go to hospital regularly and receive 
rehabilitation from physical therapists. However, going 
to the hospital regularly far from their houses actually 
places a large burden on patients, while it is impossible 
for a limited number of physical therapists to visit so 

many patients’ houses in the recent aged society of 
Japan.  

To solve this problem, the tele-rehabilitation system 
is considered to be promising, which offers a sure 
therapy supervised by skilful therapists to patients in 
their own houses and brings not so much burden to 
either patients or therapists. This research aims to build 
a bilateral master-slave system based on TCP/IP 
Network to achieve the situation where stay home 
patients in scattered places can share rehabilitation 
instruction by one physical therapist. 

As the first step to realize the above system, in this 
paper firstly the concept of the tele-rehabilitation system 
with single-master and multi-slaves is introduced in 
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comparison with related previous work. Then the 
‘Passive-Active Shift’ rehabilitation approach is 
proposed in order to realize that one therapist will 
implement rehabilitation to multiple patients. For 
passive rehabilitation done directly by the therapist 
through internet-based master-slave system, the control 
architecture for the tele-rehabilitation system with time 
delay is proposed in section 4. For active rehabilitation, 
game is used to encourage patients to move their joints 
by their own mind in order to reestablish their 
neuromuscular control. 

SYSTEM CONCEPT  
Figure 1 the Concept of Tele-rehabilitation with SMMS
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The problem is that the symptom varies from patient to 
patient and it will be unavailable to share the same 
instruction among multiple patients. In order to solve 
this problem, ‘Passive-Active Shift’ approach is 
proposed in the following, which will be discussed from 
rehabilitation approaches. 

Internet-based Bilateral Teleoperation System 

The task of rehabilitation is not so simple that can be 
accomplished by an amateur or a robot isolated from 
physical therapists. Firstly, the rehabilitation should be 
adjusted adaptively according to the different status of 
the patients. Secondly communication between patients 
and therapists is important to relief them and their 
family. In this research, the master-slave 
tele-rehabilitation system is built using internet to 
connect therapist and patients. 

Aiming Rehabilitation Approaches 

According to different situation of the patients, there are 
passive rehabilitation and active rehabilitation. Passive 
rehabilitation is usually a preferred method for restoring 
range of motion (ROM) in the early stages of therapy. 
This consists of moving the limb with the muscles 
remaining passive. Active rehabilitation is often using to 
encourage patients to move their joints by their own 
mind in order to reestablish neuromuscular control, in 
the case that the patients have gotten certain recovery 
from passive rehabilitation. In this stage, according to 
the different recovery states of the patients, there are 
active-assistive movement phase, which involves using 
external assistance to assist the muscles in moving the 
joins and active-resistive movement phase aiming at 
returning an individual to normal activities via 
resistance exercises that are usually focused at regaining 
muscle strength. 

Many researches on telemedicine have been studied 
including tele-rehabilitation. Most were aimed at 
monitoring, but not include force information into the 
closed loop of control system. Feedback 
tele-rehabilitation was also reported as just a brake in 
case of an emergency [1]. However, according to 
physical therapists, the force feedback is indispensable 
in the process of motion rehabilitation in order to enable 
the therapist to detect the patients’ feeling and provide 
exact rehabilitation.  
On the other hand, the study on teleoperation system 
with time delay is another hot research field recently. 
Wave-variable method based on scattering theory, 
event-based method and smith-based method have been 
proposed [2-4]. In this research, a novel kind of 
compensator-based control architecture for the bilateral 
system with time delay will be proposed which 
considers the operator into whole system and could 
ensure the system’s stability.  

This research is aiming to realize both passive 
rehabilitation and active rehabilitation for the proposed 
‘passive-active shift’ rehabilitation approach.  
Passive-Active Shift Rehabilitation 

 According to therapist, it will be effective for the 
patients to do passive rehabilitation and active 
rehabilitation in shift. Combining with the 
Single-master and Multi-Slaves system proposed above, 

passive-active shift  rehabilitation approach is 
proposed in this research. The therapist will do passive 
rehabilitation to the patient by the master/slave system 
in turn. And during this period, the other patients will do 
active rehabilitation such as active-assistive and 
active-resistive rehabilitation through slave. By the 
passive rehabilitation, the motion-force relation data 
will be recorded which will be used as the reference 
during the active rehabilitation.. 

Single-Master and Multi-Slaves System 

All of the related works mentioned above are systems 
with single master and single slave. This research, based 
on the global sharing character of Internet, aims to build 
a system with single-master and multi-slaves, whose 
concept is indicated in Figure 1. 
In this research the multi-slaves are located in different 
places to enable the proposed system to achieve the 
situation where multiple scattered stay home patients 
can share rehabilitation instruction from a skillful 
therapist, which is different from the multiple slaves
in the work of Dr. Mark W. Spong[5], which means that 
the multiple cooperative robots in the same place 
complete one mission by operation of one master. 

At the moment when the therapist implements passive 
rehabilitation to one of patients through master/slave 
directly, the therapist/master and slave/patient will 

776Copyright © 2008 by JFPS, ISBN 4-931070-07-X



consist of the bilateral teleoperation system; with time 
delay brought by Internet it will turn to be unstable. So 
how to build the master-slave system and ensure the 
system’s stability is one of the main tasks in this 
research. Besides, during the period of active 
rehabilitation, to build a system which will arouse the 
patient’s mind and provide the proper assistance or 
resistance force to the patients will be another task of 
this research. In the following sections, the problems of 
passive and active rehabilitation will be discussed 
separately after introduction of master/slave system’s 
designing. 

DESIGNING OF MASTER-SLAVE SYSTEM 

As the initial step of the proposed system mentioned 
above, its application to wrist’s rehabilitation is 
examined and the master/slave system is designed. 
Advantage of Pneumatic Driving 

Pneumatic power is used as the driving power in our 
design for the following reasons.  

The compressibility and flexibility of the air will 
provide safety for the patients. The movement of device 
can be stopped when the patients feel pain and give 
certain resistance force to stop it. Furthermore, by 
maintaining the position with a pain feeling, the 
stretching of the muscle will bring effective aspect for 
the rehabilitation of the patients. 
Requirement for the Devices 

According to the therapist, dorsal / palmar flexion 
and radial/ulnar flexion shown in Figure 2 are often 
used in the wrist’s rehabilitation. It will be effective to 
the rehabilitation if these two kinds of movements can 
be realized.  Besides that the following are also 
required by therapist: Low cost; Simple and easy to fix 
the patients’ hand in; about 60% movable range of the 
healthy people; with the property to enable therapist to 
perceive patient’s status; Safe and quiet. 

Further more, for most patients with neurological 
impairment, the palms of their hands will turn to be 
unable to open themselves as shown in Figure 3 
(a).When palm is opened by the therapist during 
rehabilitation as shown in Figure 3 (b), the muscle 
around the wrist will be at the stretched state, under 

which the patient’s neurological system will get most 
powerful nerve stimulation. 

Mechanism of the Master/Slave 

According to the above requirement, the master and 
slave devices for the wrist’s rehabilitation are developed 
as shown in Figure 4, The slave device which will help 
the patient do rehabilitation is designed as a desk-top 
type which will be easy for the patient to put their arm 
and hand in; the master device which will be operated 
by the therapist is designed similar with the people’s 
wrist.

In order to build bilateral operation system, the 
pneumatic rotary actuator (KURODA Precision 
Industries Ltd.) was used in both master and slave 
devices as the driving power. The slave device used it to 
realize the rehabilitation motion done by the physical 
therapist, and the master device used it to enable the 
therapist to feel the force that the patient feels. The used 
rotary actuator has two separated rooms in its body and 
the oscillating motion can be gotten by changing the air 
pressure in the two rooms. In our designing the 
pneumatic electronic regulator was used to realize the 
air pressure control. As shown in Figure 5, by changing 
the air pressure in the two rooms according to the 
motion or force feedback to simulate the property of the 

Dorsal / Palmar flexion Radial/Ulnar flexion 

Figure 2 the Required Movement of Wrist

Patient’s hand Therapist 

Therapist’s hand Patient’s hand 

(a) (b)
Figure 3 On-Site Rehabilitation by Opening the Palm 

Figure 4 Master and Slave Devices Used in 
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extensor and flexor muscle which drive the motion of 
wrist, the different motion impedance will be gained. 
The property of such kind system will be similar to the 
wrist’s motion shown in Figure 5.  

Table1: Profile of Patient for test shown in Figure 6 

Besides, for the part of opening palm, pneumatic rotary 
actuator with oscillating angle of 180° (KURODA 
Precision Industries Ltd.) was used to help the patient to 
open his palm. By this mechanism, during dorsal flexion, 
the driving force from the rotor will be transferred 
through the patient’s fingers, while during palmar 
flexion the driving force from the rotor will be 
transferred through dorsal region of patient’s hand, 
which will be similar to the usual method used by 
therapist shown in Figure 3 (b). 
On-site Experiment Results 

Using the designed master/slave system above, the 
bilateral operation experiment was carried out in the 
rehabilitation center. In the experiment, the therapist 
holds the master to do rehabilitation to the patient. 
Figure 6 shows the position and torque tracing results of 
one patient, whose profile is shown in table 1. 

INTERNET-BASED PASSIVE REHABILITATION 

When the above system is used for Internet-based 
tele-rehabilitation, time delay brought by Internet will 
turn the system to be unstable [6]. In this section, the 
compensators to ensure system’s stability are proposed. 
Principle of Compensators 

For the convenience of discussion, in this paper    
GM(s) is used to represent the whole system of master 
side and GS(s) is used to represent the whole system of 
slave side. The basic idea of compensators control 
architecture is to design the forward compensator   
G1(s) and feedback compensator G2(s) in forward and 
feedback path shown in Eq.(1) and Eq.(2) separately, 
F1(s) and F2(s) represent the time-delay section in the 
forward and feedback path. 

                                       (1) 

                                       (2) 

The working principle of the whole compensator is 
shown in Figure 7, and the transformation function of 
the whole system with compensators is shown in Eq. 
(3).  
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(3) 

From Eq.(3), it can be seen that lag is eliminated and 
the teleoperation system with compensators is equal to 
the original system linking with a delay section which 
can be seen clearly from Figure 7. However, from (1) 
and (2) it can be seen that there are network time-delay 
secessions in both of the two compensators. The 
prediction of the time-delay will be necessary in such 
kind of compensator.  

By writing not only force information of slave but 
also the according position information to the datagram 
and feedback to the master side, the time delay sections 
are replaced by the real network environment shown in 
Figure 8.Then the prediction of the time-delay turns to 
be unnecessary. [7]  

On-site Experiment Results on Patient 

Using the master/slave devices introduced in section 
3, the on-site experiment with the compensator 
mentioned above has been carried on to the same patient 
shown in Table 1 in rehabilitation center. In the 
experiment, time-delay shown in Figure 9 was put into 
the forward and feedback path separately.

From the result shown in Figure.10, it can be seen 
that system turned to be stable, and both the position 
and torque have been traced well, while there was 
certain lag between the motion of master and slave. 
According to the therapist who did the experiment, the 
time lag did bring a sense of incongruity, but still within 
the endurance, because the rehabilitation is suppose to 

be one kind of slow movement. The time delay used 
in the experiment was measured between Beijing and 
Tokyo through Internet and with average value of 
300ms, it can be supposed that the domestic network 
will get better situation than that. Further more although 
it cannot be erased completely, with the development of 
network technology, the situation of time-delay brought 
by Internet will expect to be improved.   
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GAME-BASED ACTIVE REHABILITATION 

By using the motion-force data recorded during the 
period of passive rehabilitation through internet-based 
bilateral system described above, the active 
rehabilitation will be done to the patients other than the 
one doing passive rehabilitation. As mentioned before, 
for the patients with neurological impairment, their 
muscle is normal but the control signal from the 
neurological system can not reach to the muscle, so 
active rehabilitation also plays an important role in 
rehabilitation due to its function of arousing patients’ 
mind which will be effective to reestablish 
neuromuscular control.  
The important task for active rehabilitation is how to 
draw the patients’ mind into the rehabilitation. In this 
research, game is considered to be utilized, which could 
also provide the stay-home patients with pleasure during 
the boring rehabilitation. 
Active rehabilitation includes active-resistive 
rehabilitation, active-free rehabilitation and 
active-assistive rehabilitation. Here the difference of 
their engineering realization will be discussed. 
 Figure 11 shows scence of game-based active 
rehabilitation carried on by the patient in the clinic.The 
concept is that the patients move slave device by their 
imparemented hands which are put in the slave device 
and use the slave as the input device to move the 

Figure 9 Network Environment in the Experiment 
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characters in the game. As a sample, the ball-game 
shown in Figure 11(a) has been introduced in.The plate 
in the game is moved.to receive the falling ball. Here 
the movement of the plate has been endued with power 
suppier and impidance resistance charactors which is 
realized by the characters of slave shown in Figure 
11(b). 

For active-resistive rehabilitation, the resistance force 
with certain impedance character will be added against 
the movement of the patient’s hand. Figure 12 shows 
results of two sets of experiments for active-resistive 
rehabilitation with different moving speeds and same 
resistance impedance (elasticity K:0.007; viscosity B: 
0.0056; inertia M :0) following impedance control. 

For active-assistive rehabilitation, the assistive force 

will be added d by the slave to help the patients whose 
power is not enough to move to the position they wish. 
How to get the moving wish of the patients will be 
important. At this case, it will difficult to measure the 
force the patients give out by the ordinary torque sensor, 
because both the power supply and resistance function 
of the patients muscle around the wrist will be working, 
which can not be separated by the torque sensor. 
ElectroMyoGram has been used in some related 
research, but still be far away from application. In this 
research, we plan to use game to detect the patients’ 
movement wish and will discussed it in our following 
work. 
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 CONCLUSION 

In this paper, using pneumatic power, the master/slave 
system for rehabilitation was designed, for passive 
rehabilitation that needs the bilateral teleoperation of the 
therapist, novel teleoperation architecture was proposed 
to ensure the stability of bilateral master-slave system 
with time-delay, and has been verified by the on-site 
experiment in rehabilitation center. For active 
rehabilitation, in order to draw the patient’s mind into 
rehabilitation, game-based active rehabilitation has been 
proposed and developed. 
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ABSTRACT

Among the elderly person, most of their injuries are reported to be caused by falling down with
stumbling. It is due to their shuffling walking style resulted from deterioration of their dorsiflexion
muscle force along with aging. Walking plays an important role in their independent day life. In
this study we aim at developing a wearable walking support equipment embedded into shoes for
a purpose of fall prevention of elderly person. A commercial product of Ankle Foot Orthosis is
introduced and newly developed wire type pneumatic actuator is equipped on to support dorsi-
flexion motion during swing period at walking motion actively. In generally, these kind of active
supporting systems require power source. We propose a driving scheme with no use of electric
power, but with only potential energy of the wearer. Required specifications for the equipment are
derived and the validity of proposed walking support shoes is verified through some experiments.

KEYWORDS

Walking support, Pneumatic driving system, Energy autonomous

INTRODUCTION

Japan is about to face a super aging society where
aged person will occupy 35 % in the total popula-
tion in 2050[1]. In spite that walking is indispens-
able for their independent day life, most of their in-
juries among aged person are reported to be caused
by falling down with stumbling. It is supposed to be
resulted from their shuffling walking style due to the
deterioration of dorsiflexion muscle force along with
aging. Once they fall down, they have higher possibil-
ity to break bones comparing to younger. Therefore it
is significant to develop a walking support equipment
to keep their standard QOL.

Some of these kind of equipment have been de-
veloped so far, such as, using ER actuator[2] as
brake function by regulating viscosity for prevention

of drop of foot, using a pneumatic passive element to
hold variable stiffness function to support walking[3],
using a pneumatic cylinder to support knee joint
moment[4][5], using an exoskeletal robot to support
gait motion[6][7]. However these equipments gener-
ally require energy like an electric power, which may
bring problems of cost, total weight and reliability,
etc. Therefore we develop a walking support shoes
holding a driving mechanism using no electric power
at all but just human potential energy.

In this paper, first of all, required specification for
the equipment is adjusted and the overview of the
equipment is described. After mentioning a driving
mechanism of a proposed walking support shoes, the
validity of the equipment is verified through some ex-
periments.
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Figure 1: Foot angle trajectory

REQUIRED SPECIFICATION

Fig.1(a) shows the walking aspect and (b) does the
angle of ankle joint during walking. Angle of ankle
joint at vertically standing situation is set as stan-
dard condition and dorsiflexion direction (direction
of rising toe up) is set as positive.

From the state of whole surface of foot contacts
with ground (Foot Flat : FF in the figure), the angle
of ankle joint is increased along with forward tilting
of a body and it reaches at maximum value when a
heel leaves ground (Heel Off : HO). After that, the
angle is rapidly decreased until toe leaves ground (Toe
Off : TO) by the motion of kicking foot backward to
obtain thrust forward and then dorsiflexion motion is
implemented. In this time, the dorsiflexion angle of
aged person is reported to be smaller. The purpose
of this study is to raise this dorsiflexion angle by sup-
porting with an equipment. It is confirmed from the
figure that about 20 deg. is required for dorsiflexion
motion.

In the next, the moment around an ankle joint to
attain the 20 deg. of dorsiflexion angle is experimen-

Force sensor
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Figure 2: Measurement foot moment

tally obtained. As shown in Fig.2(a), an ankle joint is
forced to move about 20 deg. repeatedly from the an-
gle of TO in Fig.1 through a force sensor. Figure (b)
shows the calculated moment around ankle joint and
foot angle, which indicate about 2.0 Nm is required
to obtain a dorsiflexion angle.

DEVELOPED WALKING SUP-
PORT SHOES

Fig.3 shows a developed walking support shoes. As
shown in (a), newly developed wire type pneumatic
cylinder is equipped via a moment arm on the com-
mercial product of ankle foot orthosis (product name
: Dream Brace). A foot pump is set under the heel
as shown in (b) and an air buffer to accumulate com-
pressed air temporally is also equipped. The air buffer
is composed with several balloons, which contribute
not only to lower the cost and total weight but to
exhaust high pressure air into a cylinder owing to the
restitution force due to the elastic property of bal-
loons. In the figure (d), a pilot valve to change flow
direction can be seen to be embedded at a middle of a
shoe bottom. By utilizing pneumatic power not only
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Figure 3: Walking support shoes

as an energy source but as a signal, we accomplish to
develop a walking support shoes driven with no use
of electrical power entirely. A foot sensor is equipped
under the toe by connecting to a pilot valve with tube.
The foot sensor is just a spring return type clip, which
works as a mechanical switch to change flow direction
by lowering pilot pressure.

Pneumatic cylinder (Airpel Co. 25mm diameter)
is introduced as a driving actuator from a view point
of its high power/weight ratio valid for wearable use.
As shown in Fig.4, we improve the pneumatic cylin-
der mechanically so that it drives by wire instead of
piston rod in order to be equipped at a narrow space.
Concretely a balloon is inserted into a cylinder and a
wire is connected to a piston through inner part of a
balloon. The balloon acts as a seal to separate wire
side from inner side of cylinder. Applying compressed
air into the cylinder chamber, piston pull the tip of
a moment arm for the heel side direction to generate
dorsiflexion moment around ankle joint.

Table 1 shows the weight of each parts. Total
weight is quite light of 860 g. Making further light
and smaller is under the current investigation.

Table 1: mass of each part
shoe itself(without bottom part) 135g 15.7 %

ankle foot orthosis 280g 32.6%
wire type pneumatic cylinder 80g 9.3%

bottom part of shoe
(pump, pilot valve, foot sensor) 365g 42.4%

total 860g 100%

PNEUMATIC DRIVING CIR-

CUIT

Fig.5 shows a pneumatic driving circuit. A 5 port
type pilot valve is introduced to switch flow direction.
At the start state of contact period with walking, a
wearer step on a foot pump with their weight. In this
study, the compressed air at a foot pump is used as
pilot pressure as well for ease. When pilot pressure
overtakes certain value(about 60 kPa), compressed
air at foot pump starts to flow into the air buffer and
it is accumulated until the moment to support dorsi-
flexion motion. Pilot pressure port is also connected
by a tube and its terminal is held by a mechanical
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Figure 5: Pneumatic driving circuit

clip which is equipped under toe. At the end of con-
tact period, a toe steps on the clip when toe separates
from the ground, then a pilot pressure is opened to
the atmosphere to let a pilot valve to switch. Con-
sequently the accumulated air at air buffer starts to
flow into the air cylinder to generate moment around
ankle joint.

Fig.6 shows an aspect of response under the a se-
ries of motion mentioned above, where (a) and (b)
indicate the pressure response of each part and angle
of ankle joint respectively. In figure (a), pressure at
foot pump (namely equal to the pilot pressure) shown
with red line is rapidly increased as soon as the pump
is stepped on at the time marked with HC (Heal Con-
tact) in the figure (b). The blue line shows a pressure
at an air buffer, which raises up when the pressure
at pump takes over about 60 kPa. At the same time,
the air at cylinder drawn by green line is opened for
atmosphere to be 0. Consequently the ankle joint is
not constrained by cylinder’s force. This function is
very important not to prevent a foot from implement-
ing kick back motion. Then it is confirmed that the
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Figure 6: pressure response

pressure in a cylinder raises up when toe steps on the
clip at the moment of separating from ground at the
time marked TO in the figure (b).

Fig.7 shows the effect of air buffer composed with
balloons, where (a), (b) and (c) shows the case of
using balloons of 5, 3 and 1, respectively. By putting
over balloons, higher pressure can be applied to an air
buffer and pneumatic cylinder owing to the increase of
elastic property of rubber balloons. However a high
pressure in a foot pump tends to prevent a wearer
from a smooth stepping on a pump. The total number
of leaves of balloons must be deiced under these trade-
off between support efficiency and stepping feeling of
wearer.

EXPERIMENTAL RESULTS

Fig.8 shows the effect of the equipment at simple dor-
siflexion motion, where (a) and (b) correspond to the
case with and without assist, respectively. EMG of
dorsiflexion muscle is introduced to see the support
effectiveness[8]. A subject implements a simple dor-
siflexion motion repeatedly in order that the angle
of ankle joint become the same in both case (a) and
(b). In the case of (a), EMG shown with red line
is confirmed to be declared comparing with that in
figure (b) though the joint angle is almost the same
among both cases, which shows the effectiveness of
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Figure 7: Effect of the number of balloon at air buffer

the equipment.

Fig.9 shows the same experimental results with
Fig.8 except that a 0.5 kg of weight is put on the
toe by supposing the wearer as aged person. This
load equals to 1.0 Nm around ankle joint, which cor-
responds the half of required moment for dorsiflexion
motion during walking. It is also confirmed smaller
EMG in case (a) than that in (b).

Fig.10 shows the effectiveness during actual walk-
ing. A subject tries to walk in order the angle of ankle
joint may be the same regardless of existence of as-
sistance. In the case of actual walking, we can also
confirm the deterioration of EMG by being supported
with the equipment.

Fig.11 shows the same experimental results with
that of Fig.10 except that 0.5 kg of payload is put on
the toe like the situation of Fig.9. Even in the case
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Figure 8: Supporting the dorsiflexion

supposing the lowering of dorsiflexion muscle force,
an EMG become smaller at dorsiflexion motion in
spite the foot angles are kept with almost the same
one in both case (a) and (b), which shows possibility
of practical use.

CONCLUSION

In this study, we developed a walking support shoes
to prevent aged person from falling down with stum-
bling. The shoes has a feature to support a dorsi-
flexion motion using a pneumatic actuator during a
swing period in a walking. We also proposed a driv-
ing mechanism with no use of electric power but with
using only potential energy of wearer.

Concrete pneumatic driving mechanism from a
view of flow direction using pilot valve was described.

The validity of the equipment were verified by com-
paring using EMG of dorsiflexion muscle force under
the experiments concerning to a simple dorsiflexion
motion and an actual walking one, which showed the
effectiveness of the equipment in both cases.

Further improvement of supporting performances
and of making smaller and light is under the current
investigation.
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Figure 9: Support effect in simple dorsiflexion motion

REFERENCES

1 Government of Japan,Annual Report on The Aging
Society 2006, Chap.1 Status of population aging

2 Jason Nikitczuk, Brian Weinberg, Constantinos
Mavroidis, Rehabilitative Knee Orthosis Driven by
Electro-Rheological Fluid Based Actuators, Proc.
of ICRA,pp.2294-2300, 2005

3 Hirai H, et.al, Development of an Ankle-foot Or-
thosis with a Pneumatic Passive Element, Proc. of
ROMAN 2006, pp.220-226, 2006

4 Kazuhiro Fujishiro, Tadayuki Ariumi, Osamu
Oyama, Toshihiro Yoshimitsu, Development of
Pneumatic Assist System for Human Walk, Proc.
of SICE Annual Conference, 2003

5 G. Belforte, L.Gastaldi, M. Sorli, Pneumatic Active
Gait Orthosis, Mechatronics 11, pp.301-323, 2001

6 S. Lee, Y. Sankai, Virtual Impedance Adjustment
in Unconstrained Motion for an Exoskeletal Robot
Assisting the Lower Limb, Advanced Robotics,
Vol.19, No.7, pp.773-795, 2005

7 J.Hidler, N.Neckel, Inverse-Dynamics Based As-
sessment of Gait Using a Robotic Orthosis, Proc.
of the 28th IEEE EMBS Annual International Con-
ference, pp.185-188, 2006

8 Elain N. Marieb, Essentials of Human Anatomy &
Physiology, Igakusyoin, 2000

15 20 25
−25

0

25

50

−0.8

−0.4

0

0.4

Time[s]

E
M

G
[V

]

A
ng

le
[d

eg
.]

EMG

Foot angle

(a) With assist

15 20 25
−25

0

25

50

−0.8

−0.4

0

0.4

Time[s]

E
M

G
[V

]

A
ng

le
[d

eg
.]

EMG

Foot angle

(b) Without assist

Figure 10: Support effect in walking with standard
velocity
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Figure 11: Support effect in walking with payload
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ABSTRACT 

Along with declining birthrate and a growing proportion of elderly, to increase the number of people who requires 
nursing is anticipated. As a result, the shortage of the workers in medical welfare field is serious concerns in Japan. 
Then, if the wearable power assist device can be developed, many people can live independent life with a slight degree 
of assist. The purpose of this study is to develop a power assist wear to assist an activity of daily living of aged or 
disabled person. For the actuator, it is required to have a compact, light-weight and flexibility. Developed sheet-like 
curved type pneumatic rubber muscle is made of rubber band and has a high affinity for human skin. In this paper, the 
characteristics of the sheet-like curved type pneumatic rubber muscle and the power assist wear are described. 

KEY WORDS  

Pneumatics, Power assist, Soft actuator, Wearable device 

INTRODUCTION 

In Japan, the number of people who requires nursing is 
anticipated by the reasons below.  
1. Declining birthrate and growing proportion of elderly 
2. A muscular weakness associated with physical 

handicap
As a result, the shortage of the workers in medical 
welfare field is serious concerns. However, people ac- 
credit the nursing necessary level 2 or less are accounts 
for 64[%] of the whole [1]. Then, if the wearable power 
assist device can be developed, many people can live 
independent life with a slight degree of assist. 
The McKibben type pneumatic rubber muscle is a 
typical actuator for a power assist device [2] and 
availability of power assist device such as muscle suit 
which using this actuator is confirmed [3]. However, it 

is required to be compact and light as clothes when 
using in daily life. If the development of power assist 
device which has soft structure and can be wore as a 
sense of wearing clothes can achieve, it is useful for the 
people who only requires slight degree of assistance. 
The purpose of this study is to develop a sheet-like 
curved type pneumatic rubber muscle and the power 
assist wear to assist an activity of daily living of aged or 
disabled person [4]. The developed sheet-liked curved 
type pneumatic rubber muscle is made of rubber band 
which has anisotropy, and it has a high affinity for 
human skin. Also, the developed power assist wear 
using this rubber muscle is composed of clothing fabric 
and available to wear as clothes. 
In this paper, the characteristics of the sheet-liked 
curved type pneumatic rubber muscle and the developed 
wrist and elbow power assist wear are described.  
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MECHANISM OF RUBBER MUSCLE 

As shown in Figure 1, sheet-like curved type pneumatic 
rubber muscle consists of a rubber tube and two sheets. 
Head of the rubber tube is stopped up by urethane plug 
to seal-up, and two sheets are sewed to prevent the 
expansion of rubber tube by pressurization. By using the 
elastic member for sheet which has anisotropy like a 
rubber band, the radial expansion of rubber tube is 
converted to the axial movement. 
Figure 2 shows the movement of sheet-like curved type 
pneumatic rubber muscle. With controlling the amounts 
of extension of each sheet by changing the number, 
material, it works out three different movements. 
Figure 2(a) is the case when using same number of 
rubber band for ambilateral sheet. When it is pressurized, 
the amount of extension is equal, so it makes the 
movement of extension. 
Figure 2(b) is the case when using different number of 
rubber band for ambilateral sheet. When it is pressurized, 
the amount of extension is different, so it makes the 
movement of curve and extension. 
Figure 2(c) is the case when one-sided sheet is restricted 
by using the material which does not extends like nylon 
band. When it is pressurized, the band only extends, so 
it makes the movement of curve. 
By combining this characteristic, assistance for various 
body sites can be accomplished. 

Figure 1 Basement of rubber muscle 

Figure 2 Movement of rubber muscle 

WRIST POWER ASSIST WEAR 

Structure 
As shown in Figure 3, sheet-like curved type pneumatic 
rubber muscle for wrist power assist wear makes the 
movement of curve (Figure 2(c)) by sewing the nylon 
band to the center of the one-sided sheet. 
Wrist power assist wear is made of flexible material like 
clothing fabric and supporter for the interface to transfer 
the flexion force to wrist. Rubber muscle is unfixed with 
assist wear, and it moves in length direction by setting 
the slide mechanism. When the rubber tube is on the 
surface of the wrist, it can assist the flexion, but it 
interrupts the movement of dorsal flexion. So in the case 
when considering the multiple movement of wrist, it 
requires to be the structure which does not interrupt the 
movement of wrist. As shown in Figure 4(a), two rubber 
muscles are set up in both flanks of hand. As shown in 
Figure 4(b), upper rubber muscle makes the movements 
of flexion (Figure 5(a)), and rubber muscle below 
makes dorsal flexion (Figure 5(b)). The weight of one 
rubber muscle and wrist power assist wear is each 20[g] 
and 205[g]. 

(a) Structure 

         (b) 0[kPa]            (c) 250[kPa] 

Figure 3 Outlook of rubber muscle for wrist 

    
        

(a) Upper view          (b) Side view 

Figure 4 Structure of wrist power assist wear
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Torque 
Figure 6 shows the torque characteristic of wrist power 
assist wear. For the measurement, wrist model which 
only has degree of freedom in flexion and dorsal flexion 
are used. Torque is calculated from the force generated 
from the top of power assist wear in each angle. The 
range of the angle is below.  
1. Flexion : 0 to 90[deg] by 15[deg] step 
2. Dorsal flexion : 0 to 70[deg] by 10[deg] step 
When the gravity center of the hand is assumed to be in 
the center between fingertips and the joint of wrist, 
required torque for adult male (height: 1.72[m], weight: 
65.58[kg] [5]) to move wrist is about 0.5[Nm] [6]. From 
Figure 6(c), it is available to assist 90[deg] for wrist 
flexion and 70[deg] for wrist dorsal flexion by 350[kPa] 
pressurization. However, in the case of pressuring more 
than 400[kPa] for flexion in 0[deg], rubber muscle does 
not move in length direction as shown in Figure 6(b). 
This is because the seam of the rubber muscle is 
asymmetry and has different stiffness in both sides. 

(a) Flexion         (b) Dorsal flexion 

Figure 5 Movement of wrist power assist wear 

(a) Experimental condition      (b) Dispersion 
                    

(c) Torque 

Figure 6 Torque characteristic for wrist 

Effect of assistance
To evaluate the effect of wrist power assist wear, it 
needs to move without human power. The experiment 
description is to measure the wrist angle and EMG 
when the wearer are wearing and not wearing the wrist 
power assist wear. As shown in Figure 7, the 
measurement position of EMG is flexor carpi ulnaris for 
flexion, and extensor carpi radialis longus for dorsal 
flexion. Considering the daily life, the experiment is 
held in two positions (Figure 8), and positions depend 
on the position of human body and upper limb. 
Experiment is held in the methods below and evaluated 
by the wrist angle and EMG. 
1. 0 5[s]: in condition of weak 
2. 5 15[s]: pressurize to 400[kPa] by lamp input 
3. 15 20[s]: keep the assist with in condition of weak 
Figure 9 and 10 show the result of wrist flexion in both 
positions. In vertical position, it can assist up to 80[deg] 
when wearer is in condition of weak. Also, in horizontal 
position, the relative angle  of hand and body is 
185[deg] (measured angle is 95[deg]). The maximum 
flexion angle of wearer is 95[deg], and the muscle 
potential is reduced. From this result, this power assist 
wear can assist more than 85[%] of the movement. 
Figure 11 and 12 show the result of wrist dorsal flexion 
in both positions. In vertical position, it can assist up to 
70[deg] and also in horizontal position, the relative 
angle  of hand and body is 155[deg] (measured angle is 
65[deg]). The maximum dorsal flexion angle of wearer 
is 70[deg], and the muscle potential is reduced. From 
this result, this power assist wear can assist more than 
90[%] of the movement. 
The assistance over the motion range involves pain, 
furthermore, it does not have to assist completely when 
using in daily life. Developed wrist power assist wear is 
using the flexible material and safe, because it has 
back-drivability. From these, the wrist power assist wear 
is available for the assistance of wrist movement. 

Figure 7 EMG part 

(a) Flexion          (b) Dorsal flexion 

Figure 8 Experimental position 
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(a) Without assist 

(b) With assist 

Figure 9 Flexion (Vertical position)  

(a) Without assist 

(b)With assist 

Figure 10 Flexion (Horizontal position) 

(a) Without assist 

(b) With assist 

Figure 11 Dorsal flexion (Vertical position) 

(a) Without assist 

(b) With assist 

Figure 12 Dorsal flexion (Horizontal position) 
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ELBOW POWER ASSIST WEAR 

Structure 
As shown in Figure 13 and 14, sheet-like curved type 
pneumatic rubber muscle for elbow power assist wear 
makes the movement of extension (Figure 2(a)) and 
curve (Figure 2(c)). Two sheet A are sewed in parallel at 
the center of sheet B. As shown in Figure 15, elbow 
power assist wear is made of clothing fabric to transfer 
the flexion force to elbow. 
Torque 
Figure 16 shows the torque characteristic of elbow 
power assist wear. When the gravity center of the arm is 
assumed to be in the center between fingertips and the 
joint of elbow, required torque for adult male to move 
elbow is about 4.0[Nm]. From Figure 16, it is available 
to assist below 100[deg] for elbow flexion by 320[kPa] 
pressurization.  

(a) Structure 

(b) Upper view 

Figure 13 Structure of rubber muscle for elbow 

(a) 0[kPa]              (b) 250[kPa] 

Figure 14 Movement of rubber muscle for elbow 

Effect of assistance 
As well as wrist power assist wear, it needs to be 
evaluated when considering the use in daily life. As 
shown in Figure 17, the experiment is held in two 
positions and the measured part of EMG is biceps 
brachii. Experiment is held in the methods below and 
evaluated by the elbow angle and EMG. 
1. 0 5[s]: pressurize to 80[kPa]  
2. 5 15[s]: pressurize to 320[kPa] by lamp input 
3. 15 20[s]: keep the assist with in condition of weak 
Figure 18 and 19 show the result of elbow flexion in 
vertical and horizontal positions. In vertical position, it 
can assist up to 100[deg] when wearer is in condition of 
weak. Also, in horizontal position, the relative angle 
of arm and body is 210[deg] (actual measured angle of 
elbow is 120[deg]). The maximum flexion angle of 
wearer is 120[deg] and this power assist wear can assist 
more than 80[%] of the movement. 

(a) 0[kPa]              (b) 250[kPa] 

Figure 15 Movement of elbow power assist wear 

Figure 16 Torque characteristic for elbow 

Figure 17 Experimental position 
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(a) Without assist 

(b) With assist 

Figure 18 Vertical position 

(a) Without assist 

(b) With assist 

Figure 19 Horizontal position 

CONCLUSION 

In order to assist the movement of wrist and elbow, 
power assist wear with sheet-like curved type pneumatic 
rubber muscle has been developed. Sheet-like curved 
type pneumatic rubber muscle can make a movement of 
curve by itself and can transfer the force directly to 
human body. So the device using this rubber muscle 
does not need a link mechanism and can make the 
device light and compact. This power assist wear has 
the characteristic of light weight and flexible, and it is 
suitable for the usage in daily life. The assignment for 
the future is below 
1. Improve the structure to transfer the force efficiently 
2. Application for the movement of other body site 
3. Realization of the movement which is commonly 

used in daily life 
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ABSTRACT 

Due to the development of the larger size of FPD, the conveyor system, especially the lifting system, become a 
significant topic. This paper aims to develop novel lifting system with the AC servo driving and the pneumatic-balanced 
system for the new generation of LCD glass substrates. Owing to the large variation range of the loading in the new 
generation lifting system, the pneumatic-balanced system is developed for counterbalanced the weight of the loading for 
reducing the loading power of the AC servo motor. A PC-Based control system is developed for achieving better 
response and position accuracy. Adaptive sliding mode control with function approaching technique is used in this paper 
as the control strategy. In order to improve the jerk problem during the motion process, path control is used. The 
proposed new lifting system with pneumatic-balanced technique is implemented and verified through simulation and 
experiment. 

KEY WORDS  

Pneumatic-balanced control, Path-positioning control, Lifting system, Glass substrate, Flat panel display. 

INTRODUCTION 

Flat Panel displays (FPD) have become one of the most 
significant industries in the world. The manufacturers of 
FPD concentrate especially on the countries in east-Asia, 
including Taiwan, Japan and Korea. In order to satisfy 
the fast development of the request of the market that 
trends toward larger and larger sizes for TV and monitor, 

the new generations of the glass substrates have been 
developed almost every three years. However, the 
weights and the dimensions of the glass substrates also 
increase such that the manufacturing equipments have 
to face new process challenge. Table 1 shows the 
dimension and weight of the different generation of 
glass substrates. The thickness of the glass substrate is 
about 0.5 to 0.7 mm.    
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Table 1 Dimension of different generation of glass 
substrate

Generation Size (mm
2
) Weight (kgf)

2nd Gen 400 500 0.4 

3rd Gen 550 670 0.7 

3.5th Gen 600 720 0.8 
4th Gen 680 880 1.1 
5th Gen 1100 1250 2.5 
5.5th Gen 1300 1500 3.5 
6th Gen 1500 1850 5
7th Gen 1800 2000 6.5 

7.5th Gen 1950 2250 7.5 

8th Gen 2160 2460 9.0 

The conveyor systems of the glass substrate become 
more and more complex due to the increase of the 
dimension and weight of the glass substrate. The 
conveyor systems of the glass substrate contain 
horizontal linear conveyor, horizontal rotational 
conveyor and vertical lifting system. The horizontal 
linear conveyors are driven by roller generally and can 
be supported by air bearing in the new generation. The 
horizontal rotational conveyor rotates the glass 
substrates. The vertical lifting systems serve to load the 
glass substrate in and out the cassette, which works as 
buffer of glass substrate in the process. This paper aims 
to investigate the lifting positioning system with 
pneumatic-balanced system. In the new generation of 
glass substrates, the weight variation between no-load 
and full-load conditions of the lifting system can reach 
from 200 kgf to 1000 kgf. The large loading variation 
results in the demand of larger power of the AC servo 
motor for positioning. Instead of that, the loading 
variation can be counter-balanced by the pneumatic 
cylinders of the pneumatic-balanced system such that 
the AC servo motor needs only smaller power without 
adding the inertial mass. Besides, in order to achieve 
jerk-free motion, path-positioning control, that contains 
path tracking control in the motion process and 
positioning control at the target end position, is 
developed in this paper. For that, adaptive sliding mode 
control is used to develop the controller.  

TESTRIG LAYOUT 

The test rig of the active pneumatic-balanced lifting 
positioning system for the new generation TFT-LCD 
glass substrate consists of the pneumatic-balanced 
controlled system, which contains two rodless 
pneumatic cylinders with pressure control servo valves, 
and a positioning control system driven by an AC servo 

motor with belt transmission mechanism that serves as 
position control of the lifting system. The 
pneumatic-balanced controlled system serves to balance 
actively the weight of the loading and the lifting table. 

Figure 1 Layout of the test rig 

Figure 2 Concept of the test rig

Table 2 Specifications of the test rig 

Item Specifications 

Control type Path-positioning 

Glass substrate dimension 1950 X 2250mm 

Weight of full loading 1000kg 
Weight of no-loading 200kgf 

Stroke of Z-axis 1100mm 
Velocity  40m/min 

Class of clean room 5000
Position accuracy of Z-axis +/-0.2mm 
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A PC-based control system is used to implement the 
positioning control and the pneumatic-balanced control. 
Figure 1 photographically shows the layout of the test 
rig. Figure 2 schematically illustrates the concept of the 
proposed pneumatic-balanced lifting positioning system. 
The pneumatic balanced control system works firstly to 
keep the resultant weight constant, which means the 
weight of loading minus the counter-balanced force 
form the pneumatic cylinders is constant. Pressure 
sensors are used to measure the pneumatic pressure p
and calculate the pneumatic balanced force Fpneu by   

where  is the firing weight of the ith rule, iw

1 2[ , ,..., ]T
n is the parameter vector and 

1 2[ , ,..., ]T
n  is the vector of fuzzy basis functions 

1
/

n

i i
i

w wi                                (5) 

For the conventional FC, the control actions i  should 
be previously assigned through a lot of trails to achieve 
satisfactory control performance. In the following, the 
adaptive algorithm will be proposed to tune these 
control actions on-line. 

pneuF p A n                      (1) 

Fuzzy Sliding Mode Control where A indicates the effective piston area of pneumatic 
cylinder; n is the cylinder number. The positioning 
control system driven by an AC servo motor is 
measured by a position sensor. Table 2 specifies the 
required performance. 

The methods to design the fuzzy sliding-mode 
controller for a non-linear system with 2nd order where 
the error and the error change rate were used to 
synthesize fuzzy reasoning rules was proposed (Palm 
1994 and Hwang et al. 1992). However, the rule 
number was larger and did not give the mathematical 
expression. Thus, it is difficult to analyze the properties 
of the control system. To overcome this problem, we 
adopt the sliding surface of SMC as a variable to 
compress all the information into one type, extend the 
sliding surface 

0S

0S  to the fuzzy sliding 
surface 0S , and make  be a linguistic description 
of . In this paper the two triangular-typed functions 
are used to define the membership functions of IF-part 
and THEN-part, which are depicted in Figs.4 (a) and 
4(b) respectively. The fuzzy rules are given in the 
following form 

S
S

ADAPTIVE FUZZY SLIDING MODE CONTROL 

Designing a SMC needs to know the system models and 
to find the inverse form of inertia term in system 
dynamics. However, the accurate mathematical models 
are always difficult to formulate or even not available. 
To solve these problems, an AFSMC shown in Fig.3 is 
proposed. 

The state equations of the servo control system model 
can be achieved as follows 

:lR IF  is S l
sF  THEN  is (6) fsu 8 ,l

uF 1,...,7.l
1 2

2

2
1

( )

( ) ( ) ( ) ( ) ( ) ( )i i

x x t

x a x t g x u d x f x g x u d x
     (2) According to the sup-min compositional rule of 

inference and the defuzzification of the control output 
accomplished by the method of center-of-area, the 
mathematical expression can be derived as 

Fuzzy Control 

Assume that there are n rules in a fuzzy base and each 
of them has the following form: 

:iR  IF  is S iF  THEN u  is i           (3)             

2 2

2 2

2 2

2 2

2 2

2 2

1
(7.5 13.5 5) /(9 15 5)
(9 11 2) /(18 18 2)
(1.5 1.5 ) /(9 3 1)
( 1.5 1.5 ) /(9 3 1)
( 9 11 2) /(18 18 2)
( 7.5 13.5 5) /(9 15 5)

1

fs

z z z z
z z z z

z z z z
u

z z z z
z z z z

z z z z

, 1
, 1 2/
, 2/3
, 1/3 0
, 0 1/3
, 1/3 2/3
, 2/3 1
, 1

if z
if z
if z
if z
if z
if z
if z
if z

3
1/3

(7) 

where  is the input variable of the fuzzy system; 
is the output variable of the fuzzy system; 

S u
iF  are the 

triangular-type membership functions; and i  are the 
singleton control actions for . The 
defuzzification of the FC output is accomplished by the 
method of center-of-gravity (Lee 1990) 

1, 2,...,i n

1 1
/

n n
T

i i i
i i

u w w                     (4)   

where /z S  and 0  is a constant which 
describes the width of a boundary layer. As S , it is 
easy to check sgn( )fsu S .
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Figure 3 Adaptive fuzzy sliding mode control 

Adaptive Fuzzy Sliding Mode Control System 

The control objective is to find a control law so that the 
hydraulic actuator can track the desired velocity ( )dx t .
Define the tracking error  as ( )e t

( ) ( ) ( )d pe t x t x t                           (8) 

where ( )px t  is the control output and ( )dx t  is the 
desired velocity. Then define a sliding surface as 

1( ) ( ) ( )S t e t k e t                           (9) 

where is non-zero positive constants. Assume that 
parameters of the system in (2) are well known and the 
external load disturbance is measurable, then we can 
take the control law as 

1k

* 1
1( )[ ( ) ( ) ( ) ]du g x S t f x d x x k e t       (10) 

where . The function 
has several properties as below that are useful in the 

design of adaptive law (Sanner et al. 1992).

( ) ( ) ( ( ) / )S t S t sat S t
S

Property1: When ,S S S  and .S S

Property2: When ,S 0.S S
The above properties of the boundary layer concept are 
to be exploited, in the design of AFSMC, our goal being 
to cease adaptation as soon as the boundary layer is 
reached. This approach aims to avoid the possibility of 
unbounded growth. Differentiating (9) along the system 
trajectories (2), we have 

1( ) ( ) ( ) ( ) ( )dS t f x g x u d x x k e t         (11) 
Substituting (10) into (11) gives 

( ) ( ) 0, 0.S t S t

S

PBPMPSZRNSNMNB

PBPMPSZRNSNMNB

fsu

2
3

1
3

2
3 0

1
2
3

1
301

3
2
3

1

1
3

Figure 4 Fuzzy partitions and membership functions of 
and in the respective universe of discourse S fsu

Equ. (12) shows that ( )e t  will converge to the 
neighbour of zero as and the value of the 
neighbourhood are relative to the value of  (Slotine 
et al. 1896). However, the system parameters may be 
unknown or perturbed; the controller  cannot be 
precisely implemented. Therefore, by the universal 
approximation theorem (Lee et al. 2001), an optimal 
fuzzy control 

t

*u

*ˆ ( , )fzu S  in the form of (4) exists such 
that the approximation error of fuzzy controller can be 
defined as                      

* *ˆ ( , )fzu u S *                         (13)                   (12) 
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where *  is the inherent approximation error and is 
assumed to be bounded by * M . Employing a fuzzy 

controller 
ˆˆ ( , )fzu S to approximate  as *u

ˆˆ ( , )fzu S ˆT                             (14) 

where ˆ  is the estimated values of * . The control 
law for the developed AFSMC is assumed to take the 
following form: 

ˆˆ ( , ) ( )fz rbu u S u S
                        (15) 

where the fuzzy controller ˆ fzu  is designed to 

approximate the control and the robust 
controller is designed to compensate the difference 

between the controller and fuzzy controller 

*u
ˆrbu

*u
ˆˆ ( , )fzu S . Through (10), (11) and (15) the dynamical 

equation as follow can be derived: 
* ˆˆ( ) ( ) [ (S, ) ( )]fz rbS t S t g u u u S          (16) 

In order to derive the adaptive laws that ensure 
convergence to the boundary layer, a candidate 
Lyapunov function is defined as: 

2
2

1 2

1 1 1( , , )
2 2 2

TSV S
g

         (17) 

where T *T ˆ- T  and ˆ-~ *  are the 

approximation error of the parameter vectors *T  and 
 respectively. In addition, 1

*  and 2  are positive 
constants. Differentiate (17) with respect to time as 

1( , , ) / / / 2
TV S S S g .        (18) 

Thus, if S , then , it follows0S

0)~,~,(SV . If S , then . By substituting 
(16) into (18), (19) can be obtained 

SS

2 *
1 2

* *2 *
1 2

* *2 *

ˆˆ( , , ) / [ ( , )] ( ) / /

ˆˆ ˆ/ [ ( , ) ( , ) ( , )] ( ) / /

ˆˆ ˆ ˆ/ ( , ) [ ( , ) ( , )] ( )

T
fz rb

T
fz fz fz rb

fz fz fz rb

V S S g S u u S S u S

S g S u u S u S u S S u S

S g S u u S S u S u S S u S 1 2

2 *
2 1

/ /

ˆ ˆ/ [ ( ) / ] ( ( ) / )

T

T
rbS g S S u S S S

                                         (19) 
For achieving ( , , ) 0V S , the adaptive laws of 
AFSMC are chosen as 

1ˆ ( )S S                               (20) 
ˆ( )rb fsu S u                              (21) 

2ˆ S                                 (22) 
Then (19) can be rewritten as 

2( , , ) /V S S g                        (23) 

Equations (20)-(23) only guarantee that , but 
do not guarantee convergence. Integrating both sides of 
(23) and some derivations yields 

S L

2

0

( ( ), , ) ( (0), , )V S V SS dt
g

       (24) 

Since the right side of (24) is bounded, . Using 
Barbalat’s lemma (Slotine et al. 1991) it can be shown 
that

2S L

lim 0
t

S . This means that inequality S  is 

obtained asymptotically. Thus, the tracking error 
converges to a neighbourhood of zero. In summary, the 
AFSMC system is shown in (15), where  is given 
in (20) with the parameters 

( )e t

ˆ fzu
ˆ  adjusted by (20) ;  

is given in (21) with the parameter 
rbu

ˆ  adjusted by (22). 
By applying this estimation law, the AFSMC system 
can be guaranteed to be stable in the Lyapunov sense. 

EXPERIMENTS 

In order to verify the new pneumatic-balanced lifting 
positioning system with the proposed control strategy, 
experiments with variable motion under different 
conditions are implemented. Figure 5 shows the 
experimental results of the multi-step positioning 
control with 100mm of each stroke within 12 sec in 
no-loading conditions. The ramp path is given between 
the positioning points. The pneumatic-balanced pressure 
is 0.32MPa. Besides, the multi-step positioning control 
with 200mm of each stroke within 14 sec is also 
implemented and compared in Table 3.  
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Figure 5 Experimental results of multi-step positioning 
control 
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CONCLUSIONS Table 3 Positioning control performance comparison 
Multi-step positioning control 

Stroke 
(mm) 

duration 
(sec)

Max.tracking 
error(mm) 

End point 
error(mm) 

100 0-5 0.279 0.009 
200 7-12 0.279 0.006 

This paper proposed a novel pneumatic-balanced lifting 
positioning system for the new generation of flat panel 
display glass substrates. Through different experiments 
the feasibility and the repeatability can be confirmed. 
By means of the pneumatic-balanced control, the lifting 
positioning system driven by an AC servo motor can 
almost neglect the wide variation of the loading and 
achieve high position performance.     

Figure 6 shows the experimental results of the path- 
positioning control with 500mm within 5 sec in 
no-loading conditions. A jerk-free path is given between 
the positioning points. The pneumatic-balanced pressure 
is 0.32MPa. Besides that, the path-positioning control 
experiments with 100 and 300mm within 5 and 10 sec 
are also implemented and compared in Table 4.  
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Figure 6 Experimental results of path-positioning 
control of lifting system 

Table 4 Positioning control performance comparison 
Path-positioning control 

Stroke 
(mm) 

duration 
(sec)

Max.tracking 
error(mm) 

End point 
error(mm) 

100 10 0.026 -0.005 
300 10 0.101 -0.003 
500 10 0.101 -0.006 
700 10 0.201 -0.007 
100 5 0.026 0.006 
300 5 0.065 0.006 
500 5 0.099 -0.008 

798Copyright © 2008 by JFPS, ISBN 4-931070-07-X



STUDY ON LOW NOISE PRESSURE REDUCING VALVE 
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ABSTRACT 

Pressure reducing valves are widely used to maintain the pressure of gas reservoirs to specific values. When highly 
pressurized air passes through the orifice structure, considerable noise occurs at the downstream side. To solve this 
problem, we have developed a radial slit structure. The radial slit structure reduces the noise by suppressing the 
generation of turbulence and shock wave at the downstream. In this paper, we newly develop a pressure reducing valve 
applied the concept of the slit structure. At the former slit structure, the height of the radial slit was fixed. In the new 
valve, we proposed an improved slit structure that the height of it is variable. Coned disk springs are installed between 
the disks and the height of it is controlled from 0 to 50m with a pneumatic cylinder. As a result, the new structure can 
successfully control the flow rate and control the pressure in a reservoir. The performance of the valve is investigated 
experimentally and confirmed that noise can be reduced with the radial slit structure. 

KEY WORDS  

Pressure control valve, Slit structure, Noise 

INTRODUCTION 

Pneumatic systems are widely used in industrial fields 
from the viewpoint of low cost and safety. Breather 
valves are used to maintain the pressure of gas 
reservoirs to specific values. In a normal valve, supply 
pressure is depressurized with an orifice plate. When 
pressurized air passes through the orifice plate, a 
considerable noise and pressure fluctuation occur at the 
downstream. Therefore, reduction of noise and pressure 
fluctuation originating from the valve are required.  
These phenomena have been investigated both 
analytically and experimentally. In addition, several 
methods, such as the use of diffusers [1], wrapping pipe 
with sound-damping materials [2], changing the plug 
structure [3], and the use of silencers [4] have been 
developed to reduce noise and pressure fluctuation. 

However, with these methods, when the flow rate 
increases, the flow might become turbulent. In some 
cases, sonic flow occurs even when the pressure ratio is 
lower than 0.528. Turbulent and sonic flow can generate 
considerable noise and shock waves. 
Therefore, the authors have proposed the slit structure 
that can reduce noise and pressure fluctuation. This 
reduces the noise by changing orifice into the slit 
structure.
The flow of the slit structure reduces the noise by 
suppressing the generation of turbulence and shock 
wave. In former research, it was found that the slit 
structure of height 0.05mm has the silencing effect more 
than about 40dB in comparison with the orifice [5], and 
the height of the slit was fixed. 
In this paper, we proposed an improved slit structure 
that the height of it is variable by using coned disk 
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springs. The structure of variable slit structure and the 
flow characteristics of the slit are investigated 
theoretically and experimentally. And, the effect of the 
noise reduction is investigated experimentally. 

VARIABLE SLIT STRUCTURE 

Figure 1 shows a schematic drawing of the variable slit 
structure. The slit structure consists of three elements, a 
disk, a guiding bar and coned disk springs. The upper 
part of Fig. 1 shows the cross section of the structure. 
The upper disk consists of a flow inlet and an upper 
surface of the radial slit. The inner diameter of upper 
disk is 8.5mm. The guiding bar guides the movement of 
the disk. Coned disk springs are installed between the 
disk structures and the height of them are precisely 
controlled. 
The compressed air enters from the center of the upper 
disk and is exhausted outward through the radial slit. 
The lower part of Fig. 1 shows the top view of the lower 
disk. The lower disk consists of a lower surface of the 
radial slit and a groove for holding the disc springs. The 
outer diameter of upper disk is 50mm, and the depth of 
groove is 0.5mm. 
The structure of the coned disk spring and new valve is 
shown in Fig. 2. The material of it is SUS304, and the 
spring constant is 619.5N/mm. The diameter of the 
coned disk spring is 8mm. The thickness is 0.3mm, and 
height is 0.55mm. It is located on groove of disk. The 
height difference of groove and coned disk spring 
makes the 50μm slit. The height of it is precisely 
controlled with a control force. 
In this study, we produced a new valve which has one 
layer of slit. The compressed air with supply pressure 
enters from the center of the disks and is exhausted to 
atmosphere pressure through the slits. The pneumatic 
cylinder is set up below the disk, and the piston of it is 
connected with the disk. The control pressure is 
supplied to the cylinder, and the cylinder moves the disk. 
Therefore, the height of slits is controlled with the 
pneumatic cylinder by changing the control pressure.  

ANALYSIS OF THE SLIT STRUCTURE 

The height of slit is measured by a microscope. 
The flow rate characteristics of the slit structure are 
investigated theoretically under the assumptions that the 
flow is laminar and passes through the slit under 
isothermal conditions.  
The relationship between the pressure drop and the 
average flow velocity is given by the next equation  

dr
h

u
dP r

r 2
12

 (1) 
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Figure 1 Schematic of variable slit structure 
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Figure 2 Structure of coned disk spring and new valve 
      

which comes from the Navier-Stokes equation of steady 
state laminar flow between parallel plates . In Eq. (1),   
stands for the viscosity of the air and h is the height of 
the parallel slit. The following equation is obtained from 
the continuity equation:  

rr
)Au()Au(

2
21 rrr       (2) 

Using the state equation of gases  

RP  (3) 

where R and  are the gas constant and average 
temperature of air, respectively. The following equation 
is obtained From Eq. (2) and Eq. (3). 
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The effective area of the slit Ar at radius r is given by 
the following equation:  

   
360
2642 rhAr  (5) 

It is assumed that the degree of cross-sectional area is 
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264°as shown in fig. 2. Substituting Eq. (4) into Eq. (1) 
yields the following equation:  

   dr
rPh

uPr
dP

r

rr
r 2

2 22
12

            (6) 

When Eq. (6) is integrated, and the boundary condition 
of is substituted, the following equation is obtained. 
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equation is obtained. 
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If the flow rate is given, the pressure at r is obtained 
from Eq. (8). The extra pressure drop must be 
considered in the inlet region [6]. This is evaluated 
using the following equation:  

     
2

2
1r

i

u
P    (9) 

where  is the friction coefficient.  
If the flow rate is given, the inlet average velocity is 
obtained from the equation. As a result, the supply 
pressure is given by adding the losses in the slit and the 
losses in the inlet region. 

    irs PPP
1

              (10) 

FLOW CHARACTERISTICS 

The flow characteristics were measured experimentally 
using the experimental apparatus shown in Fig. 3. 
Buffer tank and two regulators are set up on the 
upstream side. Supply and control pressures were 
regulated by each regulator. The pressure and the flow 
rate were measured using a bourdon tube pressure gauge 
and a float-type area flow meter, respectively.  
The measured flow characteristic is shown in Fig. 4. 
The vertical axis is flow rate and the horizontal axis is a 
radius. The triangular symbols show the experimental 
result, and the solid line is the theoretical result. The 
theoretical result is calculated by Eq. 10 using the 
parameters listed in Table 1. The friction coefficient was 
chosen to approximately match the experimental results. 
The supply pressure is set constant at 500kPa. The con- 

Table 1 parameters of the slit structure 
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Figure 3 Experimental apparatus 

Figure 4 Flow characteristics of the slit structure 

Figure 5 Pressure distribution along r direction 

trol pressure was varied from atmospheric pressure to 
580kPa, and the height of slit is varied from 50μm to 
0μm. It is thought that from the fact that theoretical 
analysis and experimental result agree well the flow by 
the viscosity is dominant. 
The pressure distribution along r direction is examined 
with Eq. 8 and Eq. 9. The result is shown in Fig. 5. The 
vertical axis is pressure distribution and the horizontal 
axis is a radius. The pressure loss is almost linear line 
when the height of slit is 10μm . However, the pressure 
loss in the inlet region is getting large when the height 
of slit increases. It means the inlet length effect is 
greater when the height of slit in-creases. 
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REYNOLDS NUMBER

The Reynolds number is examined from the result by 
the theoretical analysis. The Reynolds number is 
calculated by Eq. (11).  

r

hahrr

A
QDDuRe         (11) 

Here

   h
)hr(

rhDh 2
22
24           (12) 

Reynolds number along r direction is shown in Fig. 6. 
The vertical axis is Reynolds number and the horizontal 
axis is a radius. When the height of the slit rises, the 
Reynolds number rises because flow rate increases. 
Because the Reynolds number is a function of the 
cross-sectional area, the flow on the radial shape has the 
effect of reducing the Reynolds number. Because the 
area ratio of the inlet for the outlet is 0.2, the Reynolds 
number of the outlet becomes 20% of the inlet. The 
Reynolds number at the outlet is 2000 or less as a result. 

Figure 6 Reynolds number along r direction 

NOISE LEVEL

The noise level of the valve was measured using a 
microphone sensor (Custom corp. SL-1370), according 
to the Japanese Industrial Standards[7]. The background 
noise level of the room is at 30dB. Microphone was 
placed in the room at an angle of 45 degree from the 
center axis of the valve. The distance from the valve to 
the microphone was 1.0m. 
The noise levels of the orifice and the newly developed 
valve with the variable slit structure were compared. 
The experimental results are shown in Fig.7. The 
horizontal axis is flow rate, and the vertical axis is the 
noise level. We confirmed in advance that the flow 
characteristics of the orifice and the new valve were 
approximately the same. The results indicated that the  

Figure 7 Noise level of orifice and new valve 

noise level decreased approximately 40dB in the new 
valve. 

CONCLUSION 

This paper proposed variable slit structures instead of 
orifice structures. The height of slit is variable by using 
coned disk springs. The coned disk springs, which 
diameter is 8mm, are installed between the slit 
structures and the height of them is precisely con-trolled 
with control pressure.  
The flow characteristics of the slit are investigated 
theoretically and experimentally. The pressure 
distribution and Reynolds number is examined. The 
experimental results indicated that the noise level 
decreased by approximately 40dB. 

REFERENCES 

1. Boger, H. W., “Designing Valves and Downstream 
Devices as Low Noise Pack-ages,” Heat./Piping/Air 
Cond. (1971) 

2. Bell, L. H., “Industrial Noise Control,” Mech. Eng. 
(Am. Soc. Mech. Eng.), No88, (1993), pp. 417-426. 

3. Amini, A., and Owen, I., “A Practical Solution to the 
Problem of Noise and Fluctua-tion in a 
Pressure-Reducing Valve,” Exp. Therm. Fluid Sci., 
10, (1995),  pp. 136-141. 

4. Davies, P. O. L. A., Harrison, M. F., and Collins, H. J.,  
“Acoustic Modeling of Mul-tiple Path with 
Experimental Validations,” J. Sound Vib., 200(2), 
(1997),  pp. 195-225. 

5. Youn, C., Kawashima, K., and Kagawa, T., (2003), 
“Fundamental Analysis of Super Low Noise Control 
Restriction for Compressible Fluid,” The 18th 
I.C.H.P., pp. 387-394  

6. Stone, C.R., and Wright, S.D., “Nonlinear and 
Unsteady Flow Analysis of Flow in a Viscous 
Flowmeter,” Trans. Inst. Meas. Control(London), 
16(3), (1994),  pp.128–141. 

7. JIS B8379, The pneumatic silencer, In Japanese, 
(1995), pp. 653–657 

802Copyright © 2008 by JFPS, ISBN 4-931070-07-X



STUDY ON THE TWO-STAGE EXPANSION 
 AIR-POWERED ENGINE  

Hao LIU, Guoliang TAO and Ying Chen 

The State Key Lab of Fluid Power Transmission and Control, Faculty of Engineering 
 Zhejiang University 

38 Zheda Road, Hangzhou ,310027,China 
(E-mail: hliu2000@zju.edu.cn) 

ABSTRACT 

Air-powered engine is a promising one of the low emission engines, for the advantages of its simple structure and 
complete zero-pollution. In this paper, the two-stage expansion Air-powered engine (TSEAPE) was studied in theory 
firstly and then experiments. Based on the model of TSEAPE that has been developed on the thermodynamics and 
mechanics analysis, the effects of bores ratio on the performance of TSEAPE are investigated by simulation. The results 
of simulation indicate that the TSEAPE will performance well when its bore ratio is about 1.4, which is a good balance 
between the power output and the efficiency. Guided by the results of theory analysis, a TSEAPE was developed based 
on an existing internal-combustion engine. The experiment results of this prototype engine on a test bench show that 
TSEAPE runs stably on bore ratio 1.4 and has better performance at a low speed. 

KEY WORDS  

 Two-stage expiation air powered engine (TSEAPE), Low emission, Bores ration, Heat transfer 

NOMENCLATURE 

Pi : Injection air pressure 
Ti : Injection air temperature 
Hi : Injection air specific enthalpy 
Mi  : Injection air mass 
P1 : The air pressure in the 1st stage cylinder 
T1 : The air temperature in the 1st stage cylinder 
m1 : The air mass in the 1st stage cylinder  
V1 : The air volume in the 1st stage cylinder  
u1 : Specific internal energy of the air in the 1st

stage cylinder 
h1 : Specific enthalpy of the air in the 1st stage 

cylinder
me1  : Mass of the air out of the 1st stage cylinder 
Q1 : Heat transfer of the 1st stage cylinder 
W1 : Work of the 1st stage cylinder

: : Crank angle
Vh : Volume of the air in the heat-exchanger 
Qh : Heat transfer of the heat-exchanger (J)

P2 : The air pressure in the 2nd stage cylinder 
T2 : The air temperature in the 2nd stage cylinder
M2 : The air mass in the 2nd stage cylinder 
V2 : Volume of the air in the 2nd stage cylinder 
u2 : Specific internal energy of the air in the 2nd

stage cylinder 
h2 : Specific enthalpy of the exhaust air of the 2nd

stage cylinder 
me2 : Mass of the exhaust air out of the 2nd stage  
 cylinder 
Q2 : Heat transfer of the 2nd stage cylinder
W2 : Work of the 2nd stage cylinder

 : Angular velocity of the crankshaft  
U : Gas internal energy 
R : The gas constant for air 

: Engine speed 
Aw1 : The total surface area of the first cylinder  

: The coefficient of discharge  
A   : The opening area of the valve  
P : The upstream pressure of the valve 
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 : The density of gas on the upstream  
 : The mass flow coefficient 

P  :  The downstream pressure 
k  : The specific heat ratio  

w : The coefficient of heat transfer applies to all 
surfaces of the cylinder 

Tw  : The surface temperature of the cylinders 
Aw2 : The total surface area of the 2nd cylinder  

wh :  The coefficient of heat transfer applies to the  
surface of the heat exchanger 

Awh :  The total surface area of the heat exchanger  
P0 :  Barometric pressure  
S1 :  The projected area of the first piston 

1 : The angle between the rod and the axis of the 
first cylinder 
: The coefficient of the sliding friction between  
piston and the wall of cylinder 

Ab1 :  The contact area of the piston and the wall of  
the 1st cylinder 

mi1 :  The reciprocating mass of the 1st cylinder  
r  :  The radius of the crank 

:  The ratio of crank radius to connecting rod.
S2 :  The projected area of the 2nd piston 

2  :  The angle between the rod and the axis of the 
2nd cylinder  

Ab2 :  The contact area of the piston and the wall of  
the 2nd cylinder 

mi2 :  The reciprocating mass of the 2nd cylinder 
Ei :  The exergy of the high-pressure air injected  

into the cylinder. 

INTRODUCTION

Air-powered engine (APE) uses high-pressure air as 
energy to operate. Therefore it is of completely zero 
emission and is becoming a promising candidate for 
low-emission vehicle propulsion [1]. 
Generally, two approaches are used to obtain a high 
efficient APE. One is to sufficiently utilize the energy of 
the high-pressure air. This goal is achieved by raising the 
expansion ratio of the air in a single working cycle, 
which reduces the energy loss with lower air pressure 
exhaust. The other approach is to obtain extra energy 
from the ambient. As the air temperature falls greatly in 
the expansion process which is not isothermal in the 
cycle, heat can be absorbed from the ambient to enhance 
the power output. This approach depends mostly on the 
expansion time and the heat transfer area, but these 
contributing factors are limited in the single-stage 
expansion APE. However, the two-stage expansion APE 
(TSEAPE) integrates the two approaches by expanding 
the inlet high-pressure air twice in two cascaded 
cylinders to raise the total expansion ratio which 
prolongs the time of the air stay in engine and enlarges 
the total heat transfer area.  

With an increasing demand of low-emission vehicles, 
APE is being studied by many researchers all over the 
world in recent years and a lot of achievements have 
been obtained [2-4]. However, most of them are about 
the single-stage expansion APE except the MDI 
Company, a French company which has studied 
Air-powered Vehicle study for over 10 years and has 
declared a scheme of three-stage expansion APE, but no 
more details can be found [5]. Yet a lot of factors need to 
be considered in designing the engine. In this paper, it is 
of primary importance to make clear the effect of the 
ratio of expansion volumes on the performance of 
two-stage expansion APE. As to the reciprocating APE, 
which is the most common structure because of its 
reliable structure and nice air tightness, the ratio of 
expansion volumes is represented by the bores ratio of 
the cascaded cylinders in deferent stages. Therefore, the 
effect of bores ratio on the basic multi-stage expansion 
APE, two-stage expansion APE (TSEAPE), was studied 
with simulation method, based on the model developed 
from thermodynamic analysis of the engine. And a 
prototype TSEAPE was manufactured and experiments 
were carried out to verify the validity of the model in this 
paper. 

THE MODEL OF TSEAPE 

The scheme of reciprocating TSEAPE shows as Figure1. 
In each cylinder, the operating cycle is finished in two 
strokes, the intake stroke and exhaust stroke. The 
deference of pistons’ moving phases in the two cylinders 
is 180° which ensures the two-stage expansion.  

Figure 1 Scheme of TSEAPE  

The operating cycle of TSEAPE is a thermodynamic 
process so that the model of TSEAPE is built on it in this 
paper. As high-pressure air expands twice in the two 
cylinders, the model of TSEAPE is composed of two 
closely linked sub-models. The two sub-models describe 
the operating processes in the two expansion spaces 
which are defined as control volumes and marked out 
with dashed lines. The first control volume is bounded 
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by the piston and walls of the first stage cylinder. 
Because both the inner spaces of heat-exchanger and 
second stage cylinder are connected directly by the wide 
inlet port, the air in the two spaces is considered to be the 
same state in this paper.  
Sub-model of the first expansion stage 

The instantaneous state of the high-pressure air in the 
control volume is determined by energy conservation,  

11111 ddddd mhmhWQU ii           (1) 

The gas internal energy changes accordingly with its 
instantaneous mass and specific energy, the relation of them is 
expressed as: 

dU1 = d(m1 u1) = u1dm1 + m1du1        (2) 

As we know, the gas specific energy u is the function of 
pressure, temperature and component. However, the gas 
in the control volume is pure air and no component 
changes in the process, the function can be simplified as: 

u1 = u (T1, P1)                   (3) 

Differential Eq. (3) can be expressed as:  
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Because the influence of pressure P applying on the 
specific energy u is very little, the change of the specific 
energy u with the pressure can be neglected in our 
analysis. So when we insert Eq. (4) into Eq. (2), then 
insert rewritten Eq. (2) into Eq. (1), and for the 
convenience of analysis in a single cycle, differentiate 
the equation we obtained to the crank angle and 
rearrange it, the following differential equation can be 
obtained as:  
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And considering the specific energy u has the relation 
with the constant-volume specific heat Cv as follows, 

vC
T
u               (6) 

Then Eq. (5) can be rewritten as: 
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With the differential equation, the relationship between 
the gas state variable T and the procedure variables is 
very clear. The items in the right of the equation can be 
defined in functions that have the crank angle as 
variable. They are presented as follows. 

The heat obtained by the gas in the control volume is 
mainly the result of the heat transferring between the 
cylinder surface and the gas. It is determined as: 
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The output work made by the gas is defined as: 

d
d

d
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where the cylinder volume V can be obtained from the 
standard slider-crank relationship. 
The changing of mass in the control volume is satisfied 
the mass conservation deferential equation:  
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The instantaneous gas mass flow rate t
m

d
d

can be 
calculated when the differential pressure and the open 
area of the valve port are determined. It is expressed as: 

PA
t

m j 2
d

d

,
       (11) 

where subscript j refers to the injection or exhaust gas 
property, replacing the subscripts i and e respectively.
And the mass flow coefficient is determined by the 
conditions as follows: 
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state and the flow function is: 
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When 1k
k

)
1k

2(
P
P

, it is in the sonic flow state 

and the flow function is: 
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Then, the mass flow rate differencing to the crank angle 
can be obtained by the equation: 

t
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And the relations between the gas mass m and the state 
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variables pressure P, temperature T and volume V, are 
determined by the ideal gas equation of state: 

              PV = mRT                 (15) 

Combining equations Eq. (7), Eq. (10) and Eq. (15), the 
thermodynamic sub-model of the first expansion stage is 
obtained. 
Sub-model of the second expansion stage 

Similarly, the process in the second control volume is 
analyzed. Here, the energy conservation differential 
equation can be obtained as: 

         (16) 

The heat exchanges of the second control volume are 
calculated separately in the above equation, because the 
heat exchange coefficients are different in the heat 
exchanger and cylinder chamber. They are expressed as:  
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The output work of the second cylinder is defined as: 
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The changing of mass in the control volume is also 
satisfied the mass conservation deferential equation: 
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where the mass flow rate of the air injecting into and 
exhausting out of the second control volume also can be 
calculated by the equations Eq. (11)~ Eq. (14) separately. 
For the second control volume which is composed of the 
inner space of the heat recharge and the inner space of 
the second expansion stage cylinder, the gas equation of 
state of the air in the volume is given as: 

P2(Vh+V2) = m2RT2                 (21) 

Combining equations Eq. (16), Eq. (20) and Eq. (21), the 
thermodynamic sub-model of the second expansion stage 
is obtained. As the equations show above, the two 
sub-models are joined by the air which expands in the 
two stage cylinders successively.  

Calculation of torque and efficiency  

The instantaneous torqueses of the two cylinders are 
expressed as follow equations: 
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Now the total output torque of the engine Mt goes as: 

Mt=M1+M2                      (24) 

Then, the efficiency of the engine can be obtained by 
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Because the temperature of the injection air is assumed 
to be the same of T0, the Ei can be calculated as  
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SIMULATION ANALYSIS OF BORE RATIO 

The step-fix 4-order Runge-Kutta method is used to 
calculate the differential equation sets of the model in the 
simulation program. The top dead center (TDC) of the 
first stage expansion cylinder is defined as the start point 
of the cycle and the simulation step is 0.01 . The main 
parameters of the engine are defined in table 1. 

Table 1 Parameters settings of the APE 

Parameters Value
Bore of the 1st stage cylinder 50mm 
Piston stroke 49.5mm 
Length of connecting rod 170 mm
Ambient temperature 20
Ambient pressure 0.101 MPa 
Injection air pressure 1.2 MPa 
Inside diameter of the heat-exchanger  20 mm 
Length of the heat-exchanger 200 mm 
Speed of the APE 1000 r/min 
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Figure 2 Valve opening area curves  

And the curves of valve opening area in an operating 
cycle are defined by the port timing as Figure 2 shows. 
In those curves, the maximum opening area of the 
second stage exhaust valve is limited by the sectional 
area of the heat-exchanger.  
The bore of the first stage cylinder is fixed while the bore 
of the second stage cylinder is assigned different values 
to define different bore ratios. Now the bore ratios are 
changing from 1.1 to 1.6 with the step of 0.1 in the 
simulation.  

(a) Instantaneous in-cylinder pressures 

(b) Mean Torque 

(c) Air consumption and efficiency 
Figure 3 Simulation results under different bore ratio 

The results of simulation come as Figure 3, which show 
the effect of bore ratio on the performance of TSEAPE. 

The total torque of the engine appears increasing with 
the rising bore ratio while its increase rate is dropping. 
And the efficiency of the engine increases with the rising 
bore ratio at the beginning but drops too when the bore 
ratio becomes too big. As figure 3(c) shows, the 
efficiency will reach the peak near the point that bore 
ratio is 1.4, where output torque of the engine can 
express a nice too. 

EXPERIMENTS OF TSEAPE 

With the indication of the simulation results, 
experiments were carried out to study the features of the 
TSEAPE. A production SI engine, which was designed 
to operate with gasoline, was modified so as to work 
with high-pressure air in the two-stage expansion mode. 
After adding lining and reboring, the bore sizes of the 
four cylinders were changed from originally all of 92mm 
to two of 72 mm and two of 98 mm. Therefore, the bore 
ratio of this prototype TSEAPE is 1.36 that comes near 
the best value appearing in the simulation results.  

Figure 4 TSEAPE on the test bench 
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The cylinder end of the engine that contains air 
distribution system is completely redesigned. From the 
left end, the first cylinder is cascaded with the third 
cylinder and the second cylinder is cascaded with the 
fourth cylinder by heat-exchanges. The engine is 
installed in a test bench for typical dynamometer 
experiments, as Figure 4 shows. 
Experiments were carried out and the results are 
exhibited in Figure 5. The prototype TSEAPE under this 
bores ratio does run stably on air and it appears better 
power output and efficiency under relatively higher loads. 
But it is hard to say that its performance is good enough. 
The main reason is that the prototype TSEAPE is 
converted from an old combustion engine whose body 
does not fit the air powered operation mode very much, 
as carefully analysis after the experiments. The big 
inertia force and friction force caused by heavy 
crankshaft and tight bearing waste lots of the power. 
Those high-strength structures are unnecessary because 
the pressure in the cylinders is much lower than 
combustion engine and also the temperature.  

(a) Speed and power 

 (b) Air consumption and efficiency 
Figure 5  Experiment results under different loads 

On the other hand, the surface of the heat exchange 
becomes heavily frosting soon after the engine working, 
which can be seen in the Figure 5. It shows that the air 
exhausted from the first stage cylinders is very cold and 

does have drastically heat exchange with the ambient 
when it pass the copper pipes. However, frost that covers 
the pipes will reduce their heat exchange ability.  
Considering the reasons above, the experiment results is 
not far from the simulation and the analysis based on the 
model can be approximately approved.  

CONCLUSIONS 

Bores ratio represents the ratio of expansion volumes of 
cylinders that cascaded in a TSEAPE and it is a key 
structure parameter. Based on the model of TSEAPE that 
has been developed on the thermodynamics and 
mechanics analysis, the effects of bores ratio on the 
performance of TSEAPE are investigated by simulation 
in this paper. The simulation results indicate that the 
TSEAPE will have a good performance when its bore 
ratio is about 1.4, which is a good balance between the 
power output and the efficiency. The experiments 
carrying out on a prototype TSEAPE with bore ratio 1.4 
show that it runs stably on air and appears better power 
output and efficiency under relatively higher loads. But 
probably due to the large inertia force and friction force 
caused by the high-strength structures of the combustion 
engine body, the energy wasting of the prototype 
TSEAPE is huge. And thick frost appears and covers the 
heat exchangers that reduce their heat exchange ability. 
So the performance of the engine is far from perfect. 
Considering those disadvantage above, the experiment 
results go near to the simulation analysis.  
It is very important to choose appropriate bores ratio in 
TSEAPE designing. The method and the result obtained 
in this paper are of good help for that. And the problems 
appear in the experiments are some of the key research 
points that will be solved in the near future. 
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ABSTRACT 

Plant cutting is a technique for propagating plants in which a piece of the source plant, called the cutting, is placed in 
the soil to grow as an indipendent plant. The cutting produces new roots and stems, and thus becomes a new plant. This 
technique is used in workshops to reproduce plants for selling. In this paper we are presenting a system to automate the 
plant cutting process of ornamental plants. The process starts with a single stem of the parent plant, with no branches. 
The system is able to cut the stem for producing the cutting, to remove the leaves from its basal part, and to manipulate 
it for the hormone subministration and for the insertion in the substrate. The design and the prototype of the automation 
machine, based on the pneumatic technology, is presented in this paper. 

KEY WORDS 

Plant cutting technique, pneumatics, automation,design  

INTRODUCTION

Plant cutting is a technique for propagating plants in 
which a piece of the source plant, called the cutting, is 
placed in the soil to grow as an indipendent plant. The 
cutting produces new roots and stems, and thus becomes a 
new plant.  
Many ornamental plants can be reproduced by cutting: 
Ligustrum, Photinia, Viburnum, Callistemon, Spiraea, etc. 
Many differences exist among these plants to apply this 
technique (type of cuttings, plant preparation, etc.). The 
reproduction process by cutting in a workshop follows 5 
steps:

1. The cutting of the parent plant. Young and vigorous 
parent plants are used for obtaining branches, eventually 
with secondary branches, to be used for producing 
cuttings, Fig. 1. The parent branches have to be fully 
turgid. They should be irrigated to avoid the loosing of 
water, and short time has to be spent between the cut of 
the shoot and the placing of the cutting in the substrate.  
2. The stem cuttings. The parent branches are cutted to 
produce cuttings. Each cutting has to include at least one 
leaf node, at the lower extremity, for the production of the 
new roots. The cuttings are collected together and 
mantained wet. If necessary they have to be rehydrated by 
soaking them in the water.  
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Figure 1 Parent plant used to obtain cuttings  
for reproduction 

3. The removal of the leaves. Each cutting has to be 
worked to remove the leaves from the stem in the basal 
part of the cutting. This operation is important to prevent 
the leaves from being inserted in the substrate that can 
give problem to the new plant. 
4. The plant hormone subministration. It consists of the 
immersion of the basal part of the cutting in a plant 
growth substance to promote the formation of roots.  
5. The insertion of the cuttings in the substrate. Each 
cutting has to be put in a cell of a multi cells tray. The 
usual trays have 120 or 140 or 160 separate cells. A 
substrate is used for the cells to promote rooting and to 
prevent roots from breaking off. 
These steps are usually followed in workshops to 
reproduce plants for selling. The work in these workshops 
is all handmade and it needs to reduce costs to be 
competitive on the market.  
In this paper a pneumatic system to automate the plant 
cutting process of ornamental plants is presented. The 
process starts with a branch of the parent plant, with no 
secondary branches. The system is able to cut the stem for 
producing the cutting, to remove the leaves from its basal 
part, and to manipulate it for the hormone subministration 
and for the insertion in the substrate. The design and the 
prototype of this solution, based on the pneumatic 
technology, is also presented in the paper.

Figure 2 Photos showing the latter 4 steps  
in a plant cutting 

THE AUTOMATIC SYSTEM FOR

PLANT CUTTING 

The stem of the branch can be considered like a long 
cylinder. From this stem starts secondary branches, leaves 
and, for some species, thorns. Considering only the 
ornamental plants that are very common in Europe, it is 
possible to classify them for the purpose of the 
automation system: plants without leaves, as Forsithia 
Viridissima, plants with medium size leaves but in small 
number, as Photinia Red Robin, plants with many leaves 
of medium size, as Viburnum Tinus Lucidum, plants with 
many leaves of small size, as Bruxus Sempervirens, and 
plants with many leaves of small size and with thorns, as 
Piracantha Moave. In this research the focus was on 
plants with medium size leaves, so that the extension of 
the results to plants with small size leaves or without 
leaves should not be so difficult. The table 1 shows the 
main characteristics of the branches of Photinia and 
Viburnum, that were selected for the automation system 
here proposed.  

Table 1 Characteristics of Photinia and  
Viburnum branches 

MAIN CHARACTERISTICS 
OF THE BRANCH  

Photinia  
Red Robin  

Viburnum 
Tinus 
Lucidum  

Maximum diameter of the 
branch in the basal part  

5 mm  6 mm  

Minimum diameter of the 
branch in the upper part 

4 mm  3 mm  

Medium length of the branch ~ 500 mm  ~ 400 mm  
Maximum distance between 
stem and tip of the leaf 

100 ÷ 105 
mm

135 ÷ 140 
mm

Minimum distance between 
stem and tip of the leaf 

55 ÷ 65 
mm

50 ÷ 60 mm  

Maximum width of the leaf  50 mm  55 mm  
Minimum width of the leaf 35 mm  40 mm  
Length of the leaf-stalk  ~ 10 mm  ~ 20 mm  
Medium distance between 
two consecutive leaf nodes 
on the stem  

35 ÷ 40 
mm

70 ÷ 80 mm  

Angle between the stem and 
the leaf-stalk  

 60°   60°  

Curvature of the branch  small or no 
curvature  

small  

Consistency of the stem  very high  medium  
Compliance of the branch  low  medium  
Consistency of leaf and leaf-
stalk

very low very low 

Compliance of leaf and leaf-
stalk

very high very high 

Resistence of leaf to removal  small  small  
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The design of the automatic system for plant cutting is 
started with the description of the 5 steps of the manual 
procedure that is used in workshops to produce young 
plants. The deepening of the technical aspects involved in 
each of these steps, and the discussion about the technical 
solution for the automation system, suggested us some 
considerations. The step 1, the cutting of the parent plant, 
will be skipped because of the range of each attribute of 
the parent plant: dimension, shape, secondary branches, 
consistency of the stems in the branch (softwood, semi-
hardwood and hardwood), etc. Then a robot was chosen 
to do the steps 4 and 5 for two reasons. The first one is the 
final goal of this research project: to validate this system 
in an experimental greenhouse already equipped with the 
cartesian robot DEIAFA having a good working volume 
for our needs (2670x1540x780 mm3). The second reason 
is that these steps involve only an handling problem, 
nothing more!  
The main design choices of the automatic system are 
resumed in the following: 

the step 1 is skipped. The single branch, without 
secondary branches, of Photinia or Viburnum, is 
manually loaded into the automatic machine; 
the step 2, the stem cutting, and the step 3, the 
removal of the leaves, are executed by the automatic 
machine;
at the end of the step 3, a gripper of a robot grasp the 
cutting from the machine and move it for doing the 
step 4, plant hormone subministration, and the step 5, 
insertion of cutting in the substrate. 

So the operations of the automatic system defined in the 
steps from 2 to 5 are automatised by two subsystems: an 
automatic machine for the steps 2 and 3, and the cartesian 
robot DEIAFA for the steps 4 and 5.  
In the following the technical specification of the 
automatic machine is described. The automatic machine 
has to: 

start the operations with a branch manually inserted 
inside the machine; 
sense the presence of the branch; 
feed the machine with the branch, minimising the 
effect of the curvature; 
move the leaves gently in such a way that the leaf 
nodes are located by the sensors; 
remove the leaves just in the basal part of the cutting; 
execute the cut of the cutting by a sharp knife to 
obtain a clean cut and preserving the leaves in the 
upper side; 
handle the cutting for the immersion in the plant 
growth substance and, after 5÷7 seconds, for the 
insertion in a cell of a multi cells tray. 

The characteristics of leaf and leaf stalk of Photinia and 
Viburnum match very well with the needs of the system. 
For example the compliance is very useful during the 
movement of the leaves. 
The automatic machine proposed consists of: 

1. a device to feed the machine with the branch 
2. a tool to move the leaves 
3. sensors to locate the leaf nodes 
4. a device to cut the branch 
5. a device to remove the leaves 
Following this design idea 3 subsystems can be identified: 
the device 1, the tool 2 together the sensors 3 and the 
device 4, the device 5. The Figure 3 shows a sketch of the 
idea of this automatic machine, where the 3 subsystems 
can be easily identified.  

Figure 3 Idea of the automatic machine 

Following this design idea a simple sequential functional 
chart was defined to settle the sequence of the steps 
involved in the automatic machine and in the robot 
operations, figure 4.  

STEP 1. Feed the branch 
LOOP UNTIL the length of the “candidate 
cutting” is in the range 9 ÷ 18 cm AND the 
cutting device is just under a leaf node  

STEP 2. Stop the feed 
STEP 3. Start the device for the removal of the leaves 

in the basal part 
STEP 4. Move the gripper of the robot just to grasp the 

“candidate cutting” in the lower side 
STEP 5. Cut the stem to obtain the cutting 
STEP 6. Immerse  the  cutting  in  a  plant  growth  

substance
STEP 7. Insert  the  cutting  in  a  cell with substrate to 

promote rooting 
STEP 8. GOTO step 1 

Figure 4 Sequential chart of the automatic system to 
produce cuttings starting from a branch 
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In the following the design of the second subsystem, 
formed by the tool 2, the sensors 3 and the device 4, is 
explained in detail. The design of the device 1 and 5 is in 
progress but the technical solution is already defined, 
figure 3. The device 1, feeding, is formed by a slide and a 
gripper. The device 5, leaves’ removal, is formed by a 
couple of actuators with a special tool on the rods, that 
will go in contact with the leaves to be removed, mounted 
on a plate, and an handling actuator to move this plate 
along the stem. All the actuators are pneumatically 
actuated. 
The tool 2 to move the leaves is formed by 3 fingers that 
are very closed each other to have a way through for the 
branch. Each finger has a compliance structure to adapt 
itself to different sizes and shapes of the branch. Each 
fingertip is shaped to move the leaf rigth or leftside during 
the feeding of the branch. In this way during the feeding 
the leaves are moved in one of the three simmetric 
circular sector free of the fixed frame, figure 5b. When 
the feeding of the branch is running the leaf nodes goes in 
contact with the contact sensors, so that they are located, 
figure 5. The contact sensors are rod-shaped mechanical 
sensors, with an electrical output, and the rod is 
positioned close to the stem. The tuning of these wires is 
very important to obtain a positive signal just when a leaf 
is passing through. Close to them but in the lower side the 
cut device is located. It has 1 dof (degree of freedom) to 
move itself frontside (working position) or rearside (rest 
position). A pneumatic slide is used for this purpose and 
the driving of the cutter is obtained by a pneumatic 
cylinder, figure 5. The knifes of the cutter are parts of 
commercial pruning shears, to be sure of the quality. In 
the Figure 5a is shown an assonometric view of this 
subsystem, while in figure 5b a bottom view is reported. 
All the drivers used in this design are pneumatics based. 
The choice of the pneumatics technology is motivated 
because of the agricultural environment. It is very dirty 
and very extreme as temperature, humidity and sunligth. 
Another reason is the semplicity of the technical solution 
that pneumatics technology can offer. 

(a)

(b) 

Figure 5 Views of the automatic machine’s  
functional design 

The power pneumatic circuit for the automatic machine is 
shown in the figure 6. It consists of 6 double effects 
cylinders plus 1 gripper for the feeding device. Each one 
of these actuators has a 4/2 electropneumatic valve to 
manage it, except the pneumatic slide for the feeding 
device. In this case a 4/3 valve is used, that’s mean a 3 
positions instead of 2 ones valve. This choice permits to 
obtain the stop of the slide in any position of the stroke, 
evntually by means of a pneumatic brake too (not shown 
in the figure 6). The total number of sensors and buttons 
used in the automatic machine is 22: 3 for start, 
stop/emergency and reset buttons, 3 sensors to locate the 
leaf nodes, 1 sensor to state that the branch is loaded and 
15 endstroke sensors for cylinders, slides and gripper. All 
the 22 sensors are feeded with 24 Vdc to be connected to 
a commercial PLC (Programmable Logic Controller), that 
is used as controller of the automatic machine: 22 digital 
inputs and 12 digital outputs, to command the 6 
electrovalves, are used. 

Figure 6 Power pneumatic circuit of the  
automatic machine 
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THE EXPERIMENTAL TESTS AND THE 

PROTOTYPING 

The design procedure, described previously, requires to 
know the cutting force necessary to cut the branch. This 
data is necessary because of the importance to obtain a 
clean cut. For this reason an experimental setup was 
constructed based on a commercial pruning shears. A 
pneumatic cylinder was used to apply the cutting force on 
the shears, modifing the supply pressure with step of 0.05 
MPa (0.5 bar). The tests were carried out with 4 different 
plants (Photinia red robin, Viburnum tinus lucidum, 
Forsithia viridissima and Bruxus sempervirens) for 3 
different sizes of the stem, cutted from a parent branch 
just a couple of hours before the test. Two different 
positions of the stem were considered for the tests: stem 
in contact with the fixed blade and stem between fixed 
and mobile blade of the shears. The results for Photinia 
and Viburnum are shown in tables 2 and 3. The criterium 
adopted to classify the results of the test has 3 scores: B 
(bad) if the knife doesn’t pass through the stem, NG (not 
good) if the knife pass through the stem, but the cut is not 
clean, G (good) if the cut is clean. 

Table 2 Results of the cutting test on stems of Photinia 
Red Robin (G = good, NG = no good, B = bad) 

Dynamic cutting force 
[N]  

176 235  294 353 411

6,5 B B NG  G G 
5,5 B B G G G 

Stem close to 
fixed blade: 
diameter [mm] 4,5 B NG G G G 

6,5 B B G G G 
5,5 B B G G G 

Stem between 
mobile and fixed 
blade: 
diameter [mm] 

4,5 B NG G G G 

Table 3 Results of the cutting test on stems of Viburnum 
Tinus Lucidum (G = good, NG = no good, B = bad) 

Dynamic cutting force 
[N]  

176 235  294 353 411

6 B B NG  G G 
4,5 B G G G G 

Stem close to 
fixed blade: 
diameter [mm] 3,5 B G G G G 

6 B B G G G 
4,5 B G G G G 

Stem between 
mobile and fixed 
blade: 
diameter [mm] 

3,5 NG G G G G 

The results show that: 
the cutting force depends on the dimension of the 
stem, on the type of plant and on the cutting 
modality; 
the cut with the stem in contact with the blade gives 
badder results than the other one; 

appling a dynamic cutting force greater or equal to 
353 N than the result is always a clean cut.  

Considering that the maximum diameter of the stem is 
settled to 4 mm, because of the quality of the cutting that 
requires young branches, the design force of the cutting 
device was fixed at 235 N. The design calculation of the 
mechanism to drive the knife was made and a cylinder 
with a diameter of 32 mm and a stroke of 20 mm was 
chosen. The prototype of the cutting device was 
constructed and experimentally tested with good results. 
The design of the tool to move the leaves has been 
already described previously. Here we can add some 
information more. It was designed on the characteristics 
of the plants Photinia and Viburnum. The 3 finger are 
positioned simmetrically with respect to the vertical axis 
with an angle of 120° on the base plane. The device is 
formed by 3 fingers, a cilindrical vane with vertical axis 
and a base frame. The base frame is a case and inside it 
the cutting device and the sensors for the leaf nodes are 
fixed. In the prototype each finger has the shape of a thin 
plate and is made by a rapid prototyping printer. The 
fingers are fixed at the base frame, in the bottom part. The 
cilindrical vane is very important to guide the branch 
inside the machine and to keep the same direction during 
the feeding. In the prototype this vane is made by 3 steel 
cilindrical pins positioned at 120° each other. Each pin is 
fixed in the upper part at the fingertip and in the lower 
part at the base frame. To verify the correct functionality 
of this tool many tests were conducted in the lab with 
good results. 

Figure 7 Photos of the prototype 

The sensors to locate the leaf nodes are made by a small 
tube and a small rod inside it. When a contact occurs the 
rod is pushed against the tube closing an electrical circuit. 
The sensors were made by ourselves in the laboratory and 
experimentally tested. The figure 7 shows two photos of 
the prototype of the subsystem, not completely 

813 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



assembled, that includes the tool to move the leaves, the 
sensors to locate the leaf nodes and the device to cut the 
branch.  

CONCLUSIONS 

In this paper a system to automate the plant cutting 
process of an ornamental plant is presented. The process 
starts with a single branch of the parent plant, with no 
secondary branches. The system is able to sense the leaf 
nodes, to cut the stem for producing the cutting, to 
remove the leaves from its basal part, and to manipulate it 
for the hormone subministration and for the insertion in 
the substrate. The technical solution proposed is 
innovative and the pneumatics technology helps to reach 
the goal in a simple but reliable way. The functional 
design and the prototype of the tool to move the leaves, of 
the sensors to locate the leaf nodes and of the device to 
cut the branch, are presented in detail. The results of the 
experimental tests for the cutting device for four different 
plants are also shown and discussed.  
The work is in progress. The design of the last 2 devices, 
to feed the machine with the branch and to remove the 
leaves, are completed and the prototyping is the next step. 
Finally the experimental tests on these devices and on the 
complete automation machine will be carried out. 
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GROW-HOSE-I:  
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ABSTRACT 

This paper presents a hose type rescue robot with new movement abilities, for passing through narrow spaces and 
searching for victims under debris. At the disaster site, the fiber scope and the pole equipped with a camera on its head 
were previously used to search for victims. However, there are problems with going into complex curved and rugged 
spaces due to the friction between the robot body and surface of debris. So in this study, the hose type robot named 
Grow-hose-I, growing with a rapid motion type hose, is proposed which can move smoothly with no friction between 
the hose and the ground surface. The hose is composed of flat tubes driven by pneumatics, and it can be actively curved 
to enable steering.  

KEY WORDS  

Rescue Systems, Pneumatic Systems, Rubble Space, Grinding Friction, Curving Control 

NOMENCLATURE 

d : Span between the Tubes 
F : Driving Force on the Hose. 
p : Air Pressure of the Tube 
l1 : Width of the Flat Tube 
l2 : Thickness of the Flat Tube 
R : Driving Resistance on the Bent Part of the Tube. 
 : Radius of the Bent Part of the Tube 

INTRODUCTION

At the disaster site, the fiber scope and the pole 

equipped with a camera on its head have been 
previously used to search victims under debris. These 
tools are available when a straight route can be secured, 
on the other hand they can’t really be used when debris 
formation is complicated. However, even in such a 
situation rescue tools are required to be able to be 
inserted. In addition, the tools are required to have the 
ability of supplying water, air, and medicine for 
prolonging the life of survivors. 
We have previously developed several types of hose 
robots which can supply water and medicine from 
outside the debris [1]. Through these past examples, we 
can see that technology that moves the hose with 
decreasing sliding friction as much as possible between 
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the surface of the hose and the rubble is an 
indispensable factor. Accordingly, there has been 
suggested some new types of robots which can move 
without grinding friction but only have straight motion 
[2], or can control motion while decreasing the grinding 
friction by vibrating the thin hair attached to its surface 
[3]. However it’s necessary for the hose to pass through 
the debris in narrow spaces like Figure 1 while 
controlling the direction actively. 
In this study, we propose an inner body drawn-out type 
hose “Grow-hose-I” (Figure 2) which can move without 
grinding friction between the hose surface and the 
debris. In addition, it can also control the direction on its 
head part actively by adjusting the air pressure valves.  

DEVICE CONCEPT 

It is preferable that the device is a hose type robot that 
can secure the route between the victims and rescue 
team members to supply water and medicine for 
prolonging life.  
Some research has previously done on hose robots, and 
these can be classified into the following types for the 
most part.  

1) Grinding friction decreased type 
2) Body crawling type 
3) Inner body drawing-out type 
1) Grinding friction decreased type 

This kind of robot can move smoothly while decreasing 
the sliding friction between the robot body and debris 
environment. During movement, Active Scope Camera 
[3] decreases sliding friction by vibrating the thin hair 
around the robot using the vibrating motor. 
2) Body crawling type 

This kind of robot can move by using the actuator 
equipped on the body. Active Curve Hose [1] can crawl 
into the debris and can control the direction at the head 
part while using the search camera. Moreover, it can 
also supply water through the robot body to survivors. 
3) Inner body drawn-out type 

This kind of robot moves forward like the growth of a 
plant stem by drawing out the body at the head part. 
Pneumatically Controlled Expandable Arm [2] can haul 
the inner body by using pneumatic power (Figure 3). As 
a result, the robot can move regardless of the sliding 
friction between the robot body and the debris. 

SUGGESTED METHOD 

We will use type 3. This is because a robot which can 
move without grinding friction in a complex pebbles 
environment might be very useful. 
Method of Driving 

We use the urethane tube flattened by heat-treatment 
(flat tube, (Figure 4)) to construct the hose. The flat tube 
has a property that the force is generated on the bent 
point of the tube when it is bent to 180° and the air 
pressure is input from one side (Figure 5). We construct 
the hose with 2 flat tubes and flexible cloth (Figure 6). 
Then, the hose can drive like the growth of a plant stem 
as the inner body is being drawn out by inputting the air 
pressure from the outside tube edge (Figure 7). 
Therefore it’s possible for the hose to go deep into the 
debris smoothly because the hose surface and the debris 
don’t grind against each other greatly. Moreover, the 
tubes and the cloth are NOT bonded so that they can 
slide mutually to achieve a large curving motion . 

Figure 1 Feature of Complex Debris 

Figure 3 Concept of Grow-hose-at disaster site 

Figure 2 Feature of “Grow-hose-I” 

air
valves 
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Curving Motion  

The hose curves by adjusting the air pressures of two 
flat tubes. Moreover, a bigger curving motion can be 
achieved by pulling the wire installed at the edge of the 
tube (Figure 8). 
Mechanism of Fixed Curving Shape  

To keep a hose shape after a curving motion in the 
assumed environment, a rigid outside body and a 
flexible inside body might be needed. Therefore, 
metallic grippers are set over the tube of the hose at 
constant intervals (Figure 9). 
Only the outside tubes of the hose get swollen because 
the flat tubes seal the air flow at the head point of the 
hose. Therefore, the grippers are fixed on the tube 
outside of the hose and are NOT on the inside. As a 
result, the spans among the grippers are fixed at the 
moment of curving motion and the hose can keep its 
curving shape (Figure 10). 

air

Figure 4 Flat Tube Figure 5 Bent Flat Tube

force 

Figure 10 Figure of Fixed Curve Shape 

flat tube 

Figure 7 Motion of Hose like Growth of Plant Stem

Figure 6 Figure of Hose with Air Pressure Applied 

cloth cloth

flat tube 
flat tube 

force 

(a)Cross View (b)Side View 

a gripper 
a gripper 

Figure 9 Figure of Hose with Grippers 

a gripper 

air pressure 

body 
NOT fixedbody 

fixed 
inside body 

outside body 

when bending, 
the tube and the 
body are fixed 

Figure 8 Curving Motion of Hose 

Low
pressure

High  
pressure

pull
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CAMERA MODULE

It is preferable that the search camera is set at the head 
part of the hose for looking through the debris. However, 
the camera module cannot be fixed on the head part of 
the hose directly because of the structure of hauling 
body inside the hose. Therefore, flexible rails are set up 
on the hose and couples of rollers are set up on the 
camera module at first, so that the camera module can 
be fixed on the head part of the hose with the rollers 
pinching the rails. As a result, the camera module can 
run while sliding on the rails just like rollers rotating 
(Figure 12). 

PROTOTYPE (GROW-HOSE-I)

The developed hose “Grow-hose-I” and camera module 
are shown below.  

Length of Robot 3.0m 
Tube Flat Tube made of Urethane 

(width :20mm) ×2
(inside : 10 outside : 12) 

Gripper Span 25mm-35mm 
Hose Body Spark Satin 

(Polyester :62%,Nylon :38%)
Tube Span 45mm 
Rail 2.0 

Whole Size 62mm×62.5mm 
Camera Size 21mm×21mm×16mm 
Roller Stainless steal 
Cover Acrylic fiber 

(c) side view  

(a) whole view 

Regulator

Camera 

Module 
Hose 

(b) front view  

Table 1 Specification of Grow-hose-I 

Table 2 Specification of Camera Module 

Figure 14 Camera Module 

a pair of rollers 

hose 

a camera 

a cover 

Figure 11 Camera Module on top of the Hose 

(b) cross section  

a rail 

A-A’ section 

(a) side view  

B-B’ section 

a pair of 

rollers

a pair of 

rollers 

a rail A

A’ 

B

B’

Figure 12 Motion of the Camera Module 

Figure 13 Figure of Grow-Hose-I 
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DRIVING FORCE OF HOSE

We measured the driving force of the hose while 
changing the air pressure p and the tube span d (Table 3) 

Result of the Experiment

The result of the experiment is shown in Figure 19. The 
theoretical value of the driving force used in the figures 
is that of the ideal condition; where the cross-section of 
the tube is a perfect circle. 
Summary and Discussion

The measured value of the driving force was 80-110% 
of the theoretical value. In addition, the driving force 
varied due to the tube span d. Furthermore, the force 
tended to decrease in the high air pressure range. The 
reasons are as follows. 
(a) There exists a resistance R at the bent part of the 

flat tube (Figure 17). 
(b) The smaller the radius of the bent part, the greater 

the resistance R becomes. 
(c) The R varies due to the air pressure p, because the 

radius becomes smaller when the air pressure is 
input and the tubes expand (Figure 18). 

d 40,50,60[mm] 
p 0.10, 0.20, 0.30, 0.40, 0.50[MPa]
l1 16.8[mm] 
l2 1.0[mm] 

Figure 18 Change of the  by the Tubes Expansion 

d

(b) With Air Pressure

Figure 17 Resistance of Bent Tube 

R
air pressure

Figure 16 Cross-Section of Tube 
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Table 3 Experiment conditions 

Figure 19 Driving Force of the Hose 
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Figure 15 Feature of Driving Force Experiment 
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EXPERIMENT OF GROW-HOSE-I

The appearance of the hose during the driving 
experiment are shown below while the hose performs  
(a) a crank drive, (b) a drive inside a pipe and (c) a drive 
with the camera module (Figure 20). On crank driving, 
the hose is controlled by inputting the air pressure 0.5 
[MPa] to the tube outside of the curve and 0.3 [MPa] to 
the one inside. Bigger curve curvature can be generated 
by pulling the wire (inside of curve). 

As a result of the experiment, we can see that on a crank 
drive the direction of the hose can be controlled toward 
the destination and the curving shape can be kept by the 
effect of the grippers. In addition, when the camera 
module was set on the head of the hose, the module was 
able to move while synchronizing with drawing-out 
operation of the hose. Moreover, drawing-out motion 
can be done smoothly in a narrow conduit. Therefore it 
is thought that this kind of the hose can be applied not 
only for rescue operation but also for the inspection of 
piping, etc.  

CONCLUSION

In this study, we suggested ‘Grow-hose-I’ which can 
pass through the complex debris without grinding 
friction between the surface of the hose and the debris. 
The suggested hose can perform a growing motion like 
a plant stem by drawing-out the inner body. The 
summary of the results obtained in this study is shown 
in the following. 
1. The hose direction could be controlled by adjusting 

the air pressure of the flat tubes on the hose. 
2. The hose could keep the curving-shape by the effect 

of the grippers on a crank motion.  
3. The camera module equipped on the hose was able 

to move while synchronizing the drawing-out 
operation of the hose. 
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Figure 20 Experiment of Grow-hose-I 
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LAPAROSCOPIC SURGERY WITH FORCE DISPLAY 
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ABSTRACT 

In the teleoperated minimally invasive surgery systems, measurement and display of sense of force to the operator is a 
problem In this paper, we have developed a master-slave system having 7-DOFs for laparoscopic surgery, which can 
provide force feedback to the surgeon without using force sensors at the slave manipulator. Pneumatic actuators are 
used for the slave manipulation because they are effective for haptic devices due to the facility in measurement and 
control of their driving force. A control method to compensate the effect of the pipeline between the control valves and 
the actuators is proposed and applied. Then, an impedance control is applied to the slave manipulator and an admittance 
control is applied for the master manipulator. Finally, a bilateral control is achieved by combining the controllers. 
Experimental results show that the developed system successfully display the contact force on the slave side to the 
operator on the master side. 

KEY WORDS  

Pneumatics, Surgical robot, Laparoscopic surgery, Master-slave system, Bilateral control 

INTRODUCTION

As alternative method to open surgery, minimally 
invasive laparoscopic surgery is an effective method. 
Robotic manipulators, which have multi-DOFs at their 
tip, have been reported as alternative to conventional 
instruments to support the surgery [1][2].  
A master-slave type manipulator has advantages that the 
intuitiveness could be realized. A surgeon is able to 
teleoperate the forceps at the master side, as if he/she 
handles the forceps at the slave side in the abdominal 
cavity[3]. In this type, however, has the problem that the 
sense of force is lost. In order to realize safer and more 
precise operation using robotic manipulator especially 
master-slave system, force measurement and feedback 
are very important [4].  

To realize a precise position control of the manipulator, 
using electric motors with high reduction gears is 
effective while the back drivability is small. Sensing the 
accurate force with such manipulators needs a force 
sensor at near the tip. However, the sensor at the end of 
forceps manipulator makes sterilizing and downsizing 
difficult. 
In this research, we have developed a master-slave 
system with 7-DOFs forceps manipulators that is able to 
provide a force display to surgeons without a force 
sensor. To achieve this, we use pneumatic actuators, 
because they are effective for a haptic device due to the 
facility in measurement and control of their driving 
force, and enable the estimation of the external force 
from the driving force and the impedance. A control 
method to compensate the effect of the pipeline between 
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the valves and the actuators is proposed and applied. 
Then, an impedance control is applied with the 
compensator to the slave side. For the master 
manipulator we have developed, an admittance control 
is used. Finally, a bilateral control is achieved.  

DEVELOPED 7DOFs SLAVE MANIPULATOR 

Fig.1 shows the developed forceps manipulator that has 
7-DOFs. The manipulator consists of a tip and a 
supporting part. The supporting part was introduced in 
the former paper, which feature is compact and the pivot 
point at the trocar cannula is immovable mechanically 
without direct support [5]. 
The tip part of the developed manipulator has a roll, two 
bending joints and a rotating movement can be achieved. 
The motions are transmitted using wire ropes.  The 
diameter of the manipulator is 10mm that is useful for 
laparoscope surgery.  
The feature of this forceps is that the bending and 
gripper were realized at the same joint. Therefore, the 
tip part becam compact. The rotary actuator with low 
friction (KURODA, PRNAJ1D-90-45) is used. The 
move angle is more than 73 degree for each joint and 
the maximum torque is 208 Nm. The driving force of 
the actuator is given as     

                                                         
(1) 

         

where  and P indicate the pressurized area and the 
differential pressure and the index 1 and 2 shows the 
room of the pneumatic cylinder. The supply pressure 
was set at 500kPa and a pressure sensor having a 
resolution of 20Pa was used. The actuator was 
controlled by a five ports servo valve made by FESTO. 
The servo valve receives the voltage signal and controls 
the flow rate to the actuator. 
Pressures in the actuator were measured with 
semiconductor type sensors installed at the out port of 
the servo valve. This is because to make the forceps 
manipulator as possible as free from sensors to make 

Figure.1 Developed slave manipulator 

sterilize easy. The measured pressures were used to 
control the driving force. Position was measured by an 
encoder having a resolution of 1000Pulse/Rev. We have 
confirmed in the preliminary experiment that the 
position error of the actuator is less than 0.1mm using a 
PID controller. 

COMPENSATION FOR PNEUMATIC PIPE LINE

There are 1m length pipelines between the actuators and 
the servo valves. The inner diameters of the pipelines 
are 2.5mm. The pipelines might cause the time delays. 
However, the pressure sensors should not be installed 
closer to the actuator to make the forceps easy to 
sterilize. Some compensation should be better applied. 
Therefore, pressures at two rooms of the actuators P1
and P2 and that of at the downstream of the servo valve 
P1’ and P2’ were measured in advance during force 
control. Sinusoidal force waves were given to the 
actuator by fixed the stroke at middle. Three kinds of 
amplitudes 1, 5 and 10N of force were given with 
several frequencies.  
Fig.2 shows the bode diagrams summarized the 
experimental results. It became clear that the response 
between the pressure at the servo valve and that of at the 
pneumatic actuator could be modeled by a second order 
delay system given as 

                                       (2). 

                                                       
The curves given by Eq.(2) are shown in solid lines in 
Fig.2. As a result, the driving force at the actuator could 
be estimated from the pressure difference near the servo 
valve. As a result, a controller as shown in Fig.3 was 
proposed and applied to the force control. 

Figure.2 Bode diagram of pressure responses between 
1m length pipeline with the diameter of 2.5mm 
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Figure.3 Block diagram of control for driving force 

IMPEDANCE CONTROL 

The impedance control is classified into force control 
type and motion control type. For pneumatic 
manipulators, the impedance control based on force 
control is considered to be suitable because of high back 
drivability and flexible characteristics. Therefore, a 
torque base impedance control without using force 
sensors is applied. The reference force at the end
effector was given as: 

(3)                                                               

where, 
rref  R6 : Reference position at Cartesian coordinate 
r  R6 : Slave position at Cartesian coordinate 
K  R : Stiffness of the slave manipulator 
B  R : Viscous coefficient in the slave manipulator 
M  R : Mass 

Therefore, the reference torque vector and force vector 
for joints can be given by 

  (4) 

                             (5)                                                   
wh

ref R6:Reference torque by the actuator at each joint 
ere 

Z  R6: Inverse dynamics function of the manipulator 
q  Displacement of each joint R6 : 
J  : Jacobian matrix of the slave manipulator. 

The reference velocity and acceleration were obtained 
from the reference displacement. They were used to 
calculate the inverse dynamics instead of the velocity 
and acceleration calculated from the slave position 
because they include noises. The controller described 
above can be summarized in a block diagram as shown 
in the upper part of Fig.4. The compensator for pipeline 
is implemented at the force controller. 
Experiments were conducted with M=0.1kg, 
B=0.02Ns/mm, and K=0.4N/mm. The experimental 
scenery is shown in Fig.5. Gripped a 6 axes force sensor 

(BL AUTOTEC.LTD., NANO2.5/2) with the forceps to 
compare the forces.  
The experimental results are shown in Fig.6 when the 
sinusoidal reference position input was given. It is clear 
as the controlled force given in Eq.(3) agree well with 
the measured results by the force sensor, the impedance 
control was successfully performed. 

Figure.4 Experimental scenery of impedance control  

Figure 5 Block diagram  

rrrrf MBK )( refref

),,( refrefrefref qqqfJ T

refrefF J

Figure 6 Experimental results of impedance control 
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BILATERAL CONTROL 
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Figure.7 Experimental results of bilateral control 

In F er

the control is successfully achieved since 

CONCLUSIONS 

In this paper, we develop a master-slave system 

e
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bandwidth with using AC motors with reduction gears. 
As a result, a motion-based impedance control is 
suitable, because the dynamics of the manipulator and 
the effect of the gravity could be compensated by 
motion control loop and also it is easy to keep the 
position when the operator released one’s hand. 
Therefore, we applied an admittance control. The block 
diagram of the controller is summarized in the lower 
part of Fig.5.  
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having 7-DOFs for laparoscopic surgery, which can 
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was proposed and applied. Then, an impedance control 
was applied to the slave manipulator and an admittance 
control was applied for the master manipulator we have 
developed. Finally, a bilateral control was achieved 
combined the controllers. Experimental results showed 
that the developed system successfully display the 
contact force on the slave side to the operator on the 
master side. 
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The experimental procedures are as follows:
operator handles the master manipulator to grasp a 
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were conducted with several impedance and admittance. 
Experimental results are shown in Fig.7. The impedance 
at the slave side was given as M=0.1kg, B=0.02Ns/mm, 
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given for the master side.  
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ABSTRACT 

Abstract-In general, it tends to become a complex and expensive structure in the controlling of flow rate. In this paper, 
a simple structure and compact flow rate servo system is shown. It is easy to carry by integrating needed element, that is, 
the solenoid valve, the isothermal pressure vessel, the pressure sensor and one board controller of on-off method, 
although, the external compressor is needed. The signal measured with the pressure sensor is sent to the controller, and 
the proper control signal is feedback to the switching transistor according to on-off timing of the solenoid valve. In this 
method, the small pressure fluctuation caused by switching action of solenoid valve can not be avoided, however, this 
pressure fluctuation enables to examine the actual output flow rate by on-line sampling the pressure and calculation 
using micro processor on controller. So we execute continuous flow rate control by this compact system alone, and are 
able to change the output flow rate freely according to manual set up or external control signal. For the evaluation of 
this system, the blowing up device is adopted to confirm the accuracy of flow rate that is constantly controlled ball 
height apart from seat. 

KEY WORDS  

Solenoid valve, Isothermal pressure vessel, Flow rate control

INTRODUCTION 

For the air pressure servo system, a highly accurate 
response to change of target value and change of load is 
requested. In this research, the flow accuracy measured 
by the small pressure fluctuation caused in the container 
by using the solenoid valve and the isothermal pressure 
vessel is shown and it aims at the development of the air 
pressure flow rate servo that outputs the desired flow 
rate.

EXPERIMENTAL-APPARATUS 

In the device, the supply air pass through the solenoid 
valve of on-off works, isothermal pressure vessel that 
suppress the temperature change of the air, and the 
output flow is delived to devices. The pressure sensor is 
installed in the pressure vessel, the measured value is 
sent to microcomputer, and the proper control signal is 
fed according to the value to the solenoid valve as the 
timing of the valve open and close 
 Figure 1 shows the experimental apparatus of this 
research.  
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Figure 1 Scheme of experimental apparatus 

CONTROL METHOD 

The pressure fluctuation generated by the opening and 
closing drive of the solenoid valve depends on the supply 
pressure and the output flow rate. In a word, the both of 
output flow rate and the supply pressure fluctuation can 
be acknowledged from the pressure fluctuation. 
Therefore, a stable output of the desired flow rate to the 
target becomes possible. The control of  the ripple rate 
is used as a control method. This control method decides 
an appropriate rate of the ripple in consideration of the 
error margin with the target value. The set value upper 
bound and the lower bound are provided from the rate of 
the ripple, and the opening and closing timing of the 
solenoid valve is controlled. 

EXPERIMENT RESULT 

Figure 2 shows the pressure fluctuation by the control of 
the ripple rate. Moreover, the error between experiment 
and desired value and the ripple between experiment and 
desired value are shown in Table.1 respectively. 
The output flow rate as constant desired flow rate of 
44L/min is shown in the Figure 2.  

Figure 2 Pressure wave of ripple rate control 

50KPa 100KPa 150KPa 200KPa
The error between 

experiment and desired 

value
3.163 2.921 2.450 1.265 

The ripple between 

experiment and desired 

value
8.214 8.305 7.891 8.735 

Unit:[KPa gauge] 

Figure 3 Flow rate by ripple rate 

Figure 4 shows the shape of waves of the flow rate when 
the flow is changed from28L/min to 44L/min by 
changing load resistance installed in this device. It is 
understood that the change of the flow rate is stable 
when the target value is uniformity from the result of 
Figure 4. 

Figure 4 Follow of sample pressure from 100KPa into 

200Kpa

CONCLUSION 

In this research, the flow rate can be controlled directly 
with the solenoid valve, by measuring the change of the 
pressure generated by the opening and closing of the 
solenoid valve, and the flow rate can meet the desired. 
The pressure that is an intermediate variable in the 
system of the flow servo can be used as the control 
variables. Althogh the effect of changing the unknown 
supply pressure is not tested, it is expected that the 
system can adapt change of supply pressure. The error 
margin of the average flow rate was able to confirm 
about 2% and highly accurate responses from the result 
of the experiment. 
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ABSTRACT 

The pressure depression is usually observed just after the gas supply hole. In order to improve the pressure distribution, 
a new type of aerostatic bearing (NT) is designed, which has a tapered chamber at the outlet of the gas supply hole. The 
Fluent software is used to simulate the working conditions of aerostatic bearings. The simulation results show the 
simulation method can effectively estimate the pressure depression and the pressure distribution of the NT is 
remarkably improved compared with the traditional annular orifice type(TT). It’s found that the characteristics of the 
Mach Number (MN) distribution of the NT are different from those of the TT and the tapered chamber can effectively 
reduce the velocity at the bearing clearance entrance. A test rig is built. The pressure distributions are tested and the 
simulation results of the NT agree well with the experimental results. The simulation method provides a good 
theoretical method to study the aerostatic bearings and the new design will be helpful to the development of high load 
capacity aerostatic bearings. 

KEY WORDS  

aerostatic bearing, pressure depression, Mach Number, Fluent software 

NOMENCLATURE 

d : gas supply hole diameter 
d1 : tapered chamber outer diameter 
D : bearing outer diameter 
h : bearing clearance 
h1 : length of gas supply hole 
h2 : height of tapered chamber  
P : pressure 
Pa : ambient pressure 
Ps : gas supply pressure 
R : radial coordinate 
T : absolute temperature 
Ta : ambient temperature 
Ts : gas supply temperature 

 : dynamic viscosity 

INTRODUCTION 

Aerostatic bearings have been widely applied to 
precision instruments, dental drills, jet engines and 
computer peripheral devices, because of their 
substantially low friction loss and heat generation. 
Recently, the application of aerostatic bearings in micro 
electro-mechanical system (MEMS) has attracted 
considerable attention [1]. However, there is a deep 
pressure depression just after the outlet of the gas 
supply hole in some cases, which limits the use of 
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aerostatic bearings [2]. In order to reduce the pressure 
depression and improve the load capacity of aerostatic 
bearings, Mori et al first proposed one new type of 
aerostatic bearing with a tapered chamber at the outlet 
of the gas supply hole [3]. They found that the pressure 
distribution of the aerostatic bearing with a tapered 
chamber is remarkably improved compared with the 
aerostatic bearing without a chamber. Under some 
assumptions, they simplified the control equations and 
calculated the pressure distribution, but the calculating 
results are not well agreed with experimental results. 
In this paper, one of the NT is designed. The Fluent 
software is used to calculate the flow of aerostatic 
bearings. A test rig is built, the pressure distributions   
are tested. 

SIMULATION AND EXPERIMENT SYSTEM 

Simulation Models 

Figure 1 shows the structure of the NT and its 
parameters are as follow: D=80mm; d=2mm; d1=20mm; 
h1=6mm; h2=0.4mm. Fig.2 shows the structure of the 
TT and its parameters are as follow: D=80mm; d=2mm; 
h1=6mm.Because of the axis-symmetry, this paper just 
takes the half of Figure 1 and 2 as the simulation models, 
which is helpful to densify calculation grids.  

Figure 1 Structure of NT    Figure 2 Structure of TT 

Boundary Conditions 

The SST k-omega model is used to calculate the flow, 
and the setting of the boundary conditions are as follow: 
(1) Pa =1atm Ta = 300K. 
(2) Ps =6atm (absolute pressure), Ts =300K 
(3) In the supersonic flow, the air temperature may 
change, and the dynamic viscosity of air is usually a 
function of temperature, so it is estimated using the 
Sutherland equation as shown below 

TSTT
TS

T
T

//
/1

1

1

2/3

Where =1.716-e5; T =273.11; S1=110.56. 
Experiment System 

Figure 3 shows the experimental system. The system 
includes three parts: air source parts, load exertion parts; 
testing parts. 
In the air source parts, the air from the compressor 
passes through the main filter and dryer and enters into 

the air tank. The high pressure air from the air tank is 
reduced by the pressure reducing valves installed in the 
pipeline and supplied into the bearing clearance. 
In the load exertion parts, the load is exerted by an air 
cylinder. In order to avoid the bearing air supply 
pressure fluctuation, the air cylinder’ air is not supplied 
by the high pressure air tank but by an independent low 
pressure air compressor with a 50 L air tank. 
In the testing parts, bearing clearance, load and pressure 
distribution can be tested. The bearing clearance is 
measured by the inductance micrometer and the load is 
measured by the weighting sensor. The pressure 
distribution in the bearing clearance is measured by the 
multi-channel (16channel) pressure scanning module. 
During the experiment, the author used two pressure 
scanning modules to measure the pressure distribution. 

Figure 3 Experiment System 
1 pressure scanning module, 2 pressure measuring board, 

3 gas bearing, 4 inductance micrometer, 5 weighting 
sensor, 6 gas cylinder 

COMPARISONS AND DISCUSSION 

Figure 4 7 shows the pressure distributions obtained 
from simulations and experiments of the two types of 
aerostatic bearing under different bearing clearances. 
(1) Under four different bearing clearances Figure 4

7 , both simulation and experiment pressure 
distributions of the NT are higher than those of the 
TT. The pressure distributions of the NT are 
remarkably improved, which are the same to the 
results of Mori et al [3]. 

(2) Under 30 m and 40 m bearing clearance Figure 6
7 , pressure depressions occur in both types of 

aerostatic bearing. And there are two pressure 

828Copyright © 2008 by JFPS, ISBN 4-931070-07-X



depressions occurring in the NT, one occurs just 
after the outlet of the gas supply hole, which is 
similar to the pressure depression of the TT after the 
gas supple hole. The other occurs at the outlet of the 
tapered chamber. After the first pressure depression, 
the pressure increases a little, after the second one, 
no increase occurs. The pressure depression 
amplitudes of the NT are much smaller than those of 
the TT, the reason will be explained after. 

(3) For the NT, the simulation results are well agreed 
with the experiment results. For the TT, when the 
bearing clearance is 10 m, the simulation results are 
in good accord with the experiment results Figure 
4 , but with the increase of the bearing clearance

Figure 5 7 , the deviation of simulation and 
experiment results increases, and the experiments 
are not able to capture the minimum pressure, the 
experimental pressure distributions are higher than 
the simulation results. This phenomenon is caused 
by the arrangements of the pressure testing holes. 
The arrangements of the pressure testing holes are 
fixed in the experiment system, but the position of 
the minimum pressure is changing under different 
bearing clearances and multi pressure testing holes 
have influence on the pressure distributions, which 
increase the pressure distribution under high MN 
working conditions.

0 10 20 30 40
0

1

2

3

4

5

6

7

TT  CFD

TT Exp

NT  CFD

P(
at

m
)

radial distance(mm)

h=10um
NT Exp

Figure 4 

0 10 20 30 40
0

1

2

3

4

5

6

7

P(
at

m
)

radial distance(mm)

TT Exp

TT  CFD

NT Exp

NT  CFD

h=20um

Figure 5 

0 10 20 30 40
0

1

2

3

4

5

6

7

P(
at

m
)

radial distance(mm)

TT  CFD

TT Exp

NT Exp

NT  CFD

h=30um

Figure 6 

0 10 20 30 40
0

1

2

3

4

5

6

7

P(
at

m
)

radial distance(mm)

TT  CFD

TT Exp

NT Exp

NT  CFD

h=40um

Figure 7 

EFFECTS OF CHAMBER ON MN 

DISTRIBUTION 

0 10 20 30 40
0.0

0.2

0.4

0.6

0.8

1.0

1.2

1.4

1.6

M
ac

h 
N

um
be

r

radial distance(mm)

TT  CFD

NT  CFD

h=40um

Figure 8 MN distributions of two types of aerostatic 
bearing under 40 m bearing clearance 

Figure 8 shows the MN distributions of the two types of 
aerostatic bearing under 40 m bearing clearance, the 
MN distribution of the NT is quite different from that of 
the TT.  
Before R=10mm, the MN of the NT is smaller than that 
of the TT; after R=10mm, the MN of the NT is bigger 
than that of the TT. For the TT, the MN increases first 
and then decreases. For the NT, generally speaking, 
there are three increases and two decreases. The first 
pair of increase and decrease occurs just after the outlet 
of the supply hole, which is similar to the pair of 
increase and decrease of the TT, is caused by the change 
of the flow passage. The second pair of increase and 
decrease occurs at the entrance of the bearing clearance 
or the outlet of the tapered chamber. After the second 
pair of increase and decrease, the MN increases with the 

829 Copyright © 2008 by JFPS, ISBN 4-931070-07-X



increase of R before the outlet of the bearing clearance. 
For the TT, the maximum MN occurs just after the gas 
supply hole and is greater than one. While for the NT, 
the chamber inhibits the increase of velocity in the 
chamber, the maximum MN is less than 0.6 and the 
position of the maximum MN is at the outlet of the 
bearing clearance. Because the increase of MN in the 
chamber is inhibited, so the MN of the NT is smaller 
than that of the TT, and the pressure depression is 
suppressed. After the gas supply hole, with the increase 
of R in the chamber, the flow passage area decreases, 
based on the continuity equation, the velocity must 
increase. After the bearing clearance entrance, the 
velocity decrease is caused by the gas viscosity and the 
increase of flow passage area, but the phenomena that 
the MN increases with the increase of R before the 
outlet of the bearing clearance after the second pair of 
increase and decrease can’t be explained now and needs 
further study. 
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Figure 9 12 shows the MN distributions of the two 
types at the bearing clearance entrance under four 
different bearing clearances. It’s obvious that the MN 
distributions of the NT are smaller and more regular 
than those of the TT because of the tapered chamber. 
The MN distribution of the NT is less affected by the 
bearing clearance and accords with the characteristics of 
laminar flow, it is because in the chamber the flow 
becomes uniform and the flow passage changes a little 
before and after the bearing clearance entrance. While in 
the TT, the flow passage changes abruptly before and 
after the bearing clearance entrance, the direction of 
velocity changes much and the maximum MN position 
move towards the up wall with the increase of bearing 
clearance. The distribution accords with the 
characteristics of turbulence flow. Because the MN of 
the NT is smaller than that of the TT, the effect of 
inertial force will be less too. 

CONCLUSIONS 

(a) A tapered chamber at the outlet of the gas supply 
hole can effectively reduce the pressure depression 
amplitude and improve the pressure distribution. 
(b) A tapered chamber at the outlet of the gas supply 
hole inhibits the increase of velocity and the appearance 
of the supersonic velocity after the gas supply hole. It 
changes the style of MN distribution. It reduces the 
velocity in the tapered chamber, but it improves the MN 
distribution after it, the cause of this kind of phenomena 
needs further study. 
(c) The multi-hole pressure testing method can’t 
effectively capture the minimum pressure and has 
influence on the pressure distributions.  
(d) The simulation method can effectively calculate the 
flow of aerostatic bearings and provides a good 
theoretical method to study the aerostatic bearings. 
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ABSTRACT 

It is well-known from our previous study that LC(liquid crystal) circumrotates in a mini cylinder by a rotating electrical
field. The possibility of the development for a motor based on the above idea is investigated in this study. In the 
experiments, electrodes are located both at the bottom and on the side wall of the cylinder, in which the LC and the rotor 
are placed. The influence of the viscosity on rotation speed of the rotor is investigated. Moreover, the theoretical study 
on torque generation is expected too.  

KEY WORDS

Liquid Crystal, Relative Permittivity, Functional Fluid, Motor, Unsteady Electric Field 

INTRODUCTION 

It is known from our previous work that Liquid crystal 
(LC) flows in a mini cylinder by rotating electric 
field[1]. The possibility for designing motors driven by 
the flowing based on the above mechanism is 
investigated in this study. Many advantages can be 
obtained in this kind of motors, for example, the 
structure of the motor is simple and it can be 
minimized easily.  
In the experiments, electrodes are located both at the 
bottom and on the side wall of a cylinder, in which the 
LC and the rotor (sampled as a turbine) is placed. The 
rotating electric field of three-phase alternating current 
is generated to add it on the electrodes in a motor. Two 
kinds of LC with different properties, such as viscosity 
etc. are tested during the experiments. The rotation 

speed of the rotor is measured under given electric 
fields with constant frequency [2,3]. One main 
contribution of this investigation is the comparison in 
rotation speed when motor is placed under different LC 
in two cases. One case is that the electrodes are placed 
just at the bottom of the cylinder. In the other one, the 
three-phase alternating currant is added on all 
electrodes in the cylinder. Additionally, the influence of 
viscosity on rotation speed is also investigated. 
Moreover, the theoretical study on torque generation is 
studied too. 

TEST BENCH 

The test-bench is shown in Fig.1. The height and the 
diameter of the cylinder are both 4mm. Six electrodes 
are located at the bottom every 0.2mm (In Fig.1, the 
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electrodes are equipped both at bottom and the side 
wall). The faced electrodes as 1 and 4 are the same in 
voltage level. The 3-phase power supply used in the 
experiments is same in frequency and the angle is 2/3
delay in the sequence 1 2 3. Theoretically, the 
liquid crystal should flow in the clockwise way. An 
impeller with diameter 2.6mm and height 1.5 mm is 
dipped in the LC (see Figs.1 and 2). The rotating speed 
is measured by images of the rotor taken using digital 
camera placed over the cylinder. The input for the 
equipment A (see Fig.3) is the AC with frequency 
50Hz and effective voltage 200V. The output of the 
transformer A can be adjusted form 0V to 240V. The 
transformer B is with the transformation ratio 15, 
which is the final voltage for each electrode. During 
the experiments, the speed measurement is executed 
with different voltage level. Furthermore, in 
experiments, the tests with different dielectric constant 
of isolation are taken and discussion between two cases 
is illustrated. 

2mm

Gap: 

Electrodes

Insulators

2mm

Gap: 

Electrodes

Insulators

Fig.1 Present motor and rotor 

Fig.2 Photo of electrodes and rotor 
(Inner diameter:4mm, Diameter of rotor:2.6mm) 

Three-phase 
alternating current

Liquid crystal

(50Hz)

(A) Voltage 
Transformer
0 240V

(B) Transformer
15

(C) Tested
motor    

Three-phase 
alternating current

Liquid crystal

(50Hz)

(A) Voltage 
Transformer
0 240V

(B) Transformer
15

(C) Tested
motor    

Fig.3  Experimental apparatus using 
three-phase alternating current 

EXPERIMENTAL VALIDATION 

The results for experiments A and B are demonstrated 
as follow. 
For experiments A,  three kinds of LC (Mixed LC 
MLC6650, Pure LC K-15 and Mixed LC MJ0669) are 
tests. Figs.4 and 5 show the curves of speed of rotor 
with different dielectric constant and voltage level. The 
average of five measurement of speed is taken for 
evaluation. The voltage changes from 353V to 1420V 
in experiments. h is the height of the LC surface. 
In Figs.4 and 5, it is clear that in the same frequency, 
high voltage implies high speed. 
Meanwhile, the speed changes with the variation of 
dielectric constant. In Fig.4 polyamide films is used 
with dielectric constant 3.5 

Electrodes

Rotor 

1mm
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Fig.4 Relationship between rotational speed and 
voltage for experiment A 
(Using polyamide film,

specific permittivity=3.5 h=2mm

Fig.5 Relationship between rotational speed and 
voltage for experiment A 
(Using glass epoxy board,  

specific permittivity=4.6 4.8 h=2mm

In the other way, as the experiment shown in Fig.5, 
glass epoxy is adopted and the dielectric constant range 
is from 4.6 to 4.8. According to MJ0669, experiment 
result shows that small dielectric constant lead to high 
speed. Furthermore, among these 3 kinds of LC small 
kinematic viscosity and dielectric constant makes high 
speed. The highest speed appears in LC MJ0669, then 
K-15 and finally MLC6650. The kinematic viscosity 
are 13mm2/s 20 mm2/s 76 mm2/s, respectively. The 
parameters of dielectric constant are 11.2 26.1 62.8 
along the molecule axis and 3.9 6.0 10.2 in the 
vertical direction. 
Figs.6 and 7 illustrate the results for experiment B. The 
mentioned two cases are compared and the result 
shows that the speed is high when both the electrodes 
at bottom and on the side wall are activated. The 
reason for this phenomenon is that the interface is large 
in the second case, which provides us the future issue
for influencing rotating speed in more effective way. 

Fig.6 Relationship between rotational speed and 
voltage for experiment B  

(Using polyamide film, on the bottom surface
h=1.8mm

Fig.7 Relationship between rotational speed and 
voltage for experiment B 

(Using polyamide film, on the bottom surface and 
side face h=1.8mm

TORQUE CALCULATION 

From Newton secondary law, Eq(1) exists: 

dt
dJT                               (1) 

where T is the starting torque generated from LC 
flowing,  is the angler velocity of the rotor and J
(=1.36×10-7kgm2) is the rotary inertia. 

The moment of inertia of the gear (J) is obtained from 
the geometrical calculation. 
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Fig.8 Relation between torque and voltage 
(on the bottom surface and side face h=1.8mm

 Fig.9 Relation between torque and voltage 
(Only bottom surface h=1.8mm

The starting torque T is obtained by calculating d /dt
from the images of the rotor, taken by video camera. 
Meanwhile, the rotating angler acceleration (d /dt ) is 
measured through a video recorder. The results of the 
torque are shown in Figs. 8 and 9. The order of the 
torque is about Nm for Fig.9 and 10-7Nm for Fig.10. 
It is found that the torque for the motor with electrodes 
both on the bottom surface and side face is greater one 
order. In fact, since the friction exists, the real torque 
generation (T) from power supply is greater than the 
values shown in the figure, which is the product of J
and d /dt . 

CONCLUSIONS 

In this paper the experimental tests for driving motor 
with LC is taken. In details, the experiments emphasize 
the influence of voltage level and dielectric constant on 
speed. The main result is as follow. 

(1) The rotating speed changes when the dielectric 
constant adjusts, especially with MJ0669, small 
dielectric constant makes high speed.

(2) The speed of the rotor increases with the electrodes 
both on the bottom surface and side face 
compared with only on the bottom surface 
electrodes and the further development of the 
electrode situation to produce a large electric field 
is the future work. 

(3) The starting torque is estimated theoretically and its 
order is 10-6 Nm with the electrodes both on the 
bottom surface and side face 
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ABSTRACT 

 

In this study, we investigated the mechanism of polishing the inner wall of a tube utilizing a magnetic compound fluid 

(MCF) from a hydrodynamic viewpoint. We conducted polishing experiments by filling a tube with a MCF consisting 

of abrasive grains and applying a rotating magnetic field perpendicular to the tube axis. In addition, in order to clarify 

the polishing mechanism, we performed visualization experiments by observing the behavior of the abrasive grains and 

measuring the pressure distribution on the inside surface of the tube using a hydrodynamic technique. This study 

demonstrated that a magnetic field distribution for effective polishing should exist in the region furthest from the 

centerline between the magnetic poles in the tube. At this position, the abrasive grains are located on the sides of the 

walls of the inner tube of the clusters formed along the line of magnetic force and the pressure generated is effective for 

polishing. The pressure distribution has a flat valley profile. Therefore, the radial force of clusters formed near these 

locations is considered to impart a processing force to the abrasive grains. 

 

 

KEY WORDS  
 

Magnetic compound fluid, Polishing, Inner tube wall, Visualization, Pressure distribution 

 

 

 

INTRODUCTION 
 

The increasing reduction in the size of products and 

components is making precision polishing essential for 

the inner walls of capillaries and microtubes having 

complex shapes. Since conventional methods for 

polishing inner tube walls are not effective for polishing 

such surfaces, it is essential to develop of a new 

polishing method. Against this background, we have 

proposed a new polishing method that employs a 

magnetic compound fluid (MCF), which is a mixture of 

a magnetic fluid (MF) and iron powder. In this method, 
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an MCF containing nonmagnetic abrasive grains is 

allowed to pass through a tube and a rotating magnetic 

field is applied perpendicular to the tube axis [1]. To 

clarify the polishing mechanism of this method, we 

investigated the effect of the composition of fluids 

containing abrasive grains and the magnetic field 

distribution on polishing of the inner tube wall with no 

effect from the fluid. Polishing was found to be greatly 

affected by the magnetic field distribution and it was 

possible in the midpoint between the electrodes and in 

the region furthest from the central axis where the 

magnetic flux density and the rate of decrease of the 

magnetic flux density are both large [2].  

The goals of this study are to observe the behavior of 

the abrasive grains in this polishing method and to 

hydrodynamically investigate the polishing mechanism 

of this method by measuring the pressure distribution on 

an inner tube wall. Specifically, a visualization 

experiment is conducted to observe the arrangement and 

behavior of the abrasive grains, and a pressure 

measuring experiment is conducted to check the 

processing pressure of magnetic clusters and to 

investigate the characteristics of the pressure 

distribution in polishing. 

 

PRINCIPLE OF THE POLISHING METHOD 
 

Figure 1 shows a schematic diagram of magnetic 

clusters and abrasive grains in the cross-section of a 

tube filled with a MCF when a magnetic field is applied 

perpendicular to the tube axis. The effect of the applied 

magnetic field on the MCF is to cause magnetic clusters 

to form that consist of iron particles and magnetite 

particles along the lines of magnetic force. The 

magnetic clusters are concentrated near the magnetic 

poles and their tips on the inner wall side are considered 

to retain the abrasive grains. Magnetic clusters are 

formed even in the center of the tube between the 

electrodes and in the region furthest away from the 

central axis. In an earlier report describing our 

experimental results, we conjectured that this polishing 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 1 Principle of polishing on an inner capillary 

wall 

method uses abrasive grains retained on the surface of 

the inner wall of the magnetic clusters in the center of 

the tube in between the electrodes and in the region 

furthest away from the central axis, as shown in the 

figure. 

 

ABRASIVE GRAIN VISUALIZATION 

EXPERIMENT 
 

Figure 2 shows a photograph of the observation system. 

The system consists of a turntable on which there is an 

observation tube filled with a MCF and a magnetic field 

generator for applying a rotating magnetic field. The 

MCF used for this experiment was prepared by adding 

carbonyl iron powder (HQ, Yamaishi Metal) that had an 

average particle diameter of 1.2 μm to a water-based 

magnetic fluid (W-40, Taiho Industries). Instead of 

abrasive grains, 0.4-mm-diameter glass beads were 

mixed into the solution. Table 1 lists the composition of 

this fluid called WMCF40G30. The fluid-filled 

observation tube was a short resin pipe (internal 

diameter d:  10 mm, external diameter: 16 mm, length: 

2 mm) with glass covers bonded to both ends. To 

generate the magnetic field, permanent magnets 

(20×20×10 mm, neodymium magnets,  Niroku 

Seisakusho) were attached to a U-shaped yoke (SS400, 

cross-section: 20×20 mm) and pole pieces (SS400) 

having a tip width w of 10 mm were attached. The 

distance between the magnetic poles δ was fixed at 22 

mm. In this experiment, a rotating magnetic field was 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 2 Photograph of the observation system 

 

Table 1 Components of testing fluids 

 

 

 

 

 

Table 2 Experimental conditions for optical 

observations 

 

 

 

 

S 
  

N 
  

   
 

Line of magnetic force 

High-speed camera 

Motor 

Observaton tube 

Pole-piece 
Yoke 

Permanent magnet 

Magnetic fluid Iron Glass beads
WMCF40G30 62.7 7.3 30.0

WMCF25 94.5 5.5

Testing fluids
Volume concentration (Vol.%)

Magnetic flux density at center (w=10 mm) 0.182 T
Revolution rate of magnetic field 7.5 rpm
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applied perpendicular to the axis of the observation tube 

and a halogen light was irradiated through an optical 

fiber from below the central axis. The behavior of the 

glass beads in the tube was then observed. Table 2 lists 

the experimental conditions. 

 

RESULTS OF VISUALIZATION EXPERIMENT 

AND DISCUSSION 
 

Figure 3 shows a visual image of the glass beads. In the 

figure the glass beads can be seen to form a strip on the 

inner wall of the tube in the midpoint between the 

magnetic poles and in the region furthest away from the 

central axis. In the experiment, this strip of glass beads 

was found to rotate synchronously with the rotating 

magnetic field. This strip may be formed by glass beads 

ejected from the magnetic clusters in the center of the 

tube between the magnetic poles and in the region 

furthest away from the central axis and retained on the 

sides of the inner tube wall of the magnetic clusters. 

Therefore, the force of magnetic clusters acting on the 

glass beads may generate pressure on the inner tube 

wall. No glass beads were observed near the magnetic 

poles in this experiment. Judging from this, the tube 

may be polished by abrasive grains that are retained on 

the inner tube wall sides of magnetic clusters at the 

midpoint between the magnetic poles and in the region 

furthest away from the central axis. However, it is 

important to note that the glass beads may not exhibit 

the same behavior as fine abrasive grains since the glass 

beads are considerably larger than fine abrasive grains. 

 

EXPERIMENT TO MEASURE THE INNER TUBE 

WALL PRESSURE 
 

The force of the magnetic clusters acting on the abrasive 

grains, or the polishing force, is considered to be equal 

to the inner tube wall pressure. Therefore, the 

distribution of the processing force generated by the 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Figure 3 Optical observation of glass beads inner tube 

magnetic clusters was investigated by measuring the 

pressure of the inner tube wall. For this measurement, 

the observation tube on the observation system was 

replaced with a circular tube for measuring pressure and 

a potentiometer makes contact with the turntable to 

measure the angle of rotation. Figure 4 shows the 

structure and coordinates of the circular tube for 

measuring pressure. The circular tube is a cylindrical 

resin container filled with the test fluid and sealed with 

a lid (internal diameter d: 10 mm, external diameter: 20 

mm, height: 20 mm, internal height: 5 mm). This 

circular tube had a 0.5-mm-diameter pressure hole. A 

diaphragm pressure sensor (PSM-1KAB, Kyowa 

Electronic Instruments) was attached to the pressure 

chamber. The magnetic field source used was the same 

as that used for the observation system. The applied 

magnetic field distribution was varied by installing pole 

pieces having different tip widths w (=2, 6, 10, and 20 

mm). The fluids used in this experiment were W-40 and 

WMCF25 (see Table 1). A rotating magnetic field was 

applied perpendicular to the central axis of the pressure 

measurement circular tube and the output voltages from 

the pressure sensor and potentiometer were measured. 

Table 3 lists the experimental conditions. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 4 Schematic diagram and co-ordinate system of 

the experimental apparatus for measuring pressure 

 

Table 3 Experimental conditions for measuring pressure 

 

 

 

 

 

   
Glass beads 

Center of magnetic field 

 Setscrew O ring 

Pressure 

sensor Testing fluid 

Top 

Tube 

 
 

d 

w 

δ 
x 

y 

0° 

Inside tube wall 

Magnetic pole 

(Pole piece) 

Magnetic pole 

(Pole piece) 

90° 

180° 

270° 

Magnetic flux density at center (w=2 mm) 0.168 T
Magnetic flux density at center (w=6 mm) 0.180 T
Magnetic flux density at center (w=10 mm) 0.182 T
Magnetic flux density at center (w=20 mm) 0.172 T
Revolution rate of magnetic field 2.5 rpm
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PRESSURE MEASUREMENT RESULTS AND 

DISCUSSION 

 
In the previous report about the results of investigating 

the influence of magnetic field distribution on polishing, 

effective polishing was achieved when w = 10 mm [2]. 

In the current experiment, we investigated the effect of 

pressure distribution on polishing. Figure 5 shows the 

results of measuring the inner tube wall pressure 

distribution about W-40. Theoretically, a magnetic fluid 

in which the dispersant is dispersed uniformly exhibits a 

high inner tube wall pressure near the magnetic poles 

(about 0, 180, and 360°) and becomes zero in the center 

between the magnetic poles and in the region furthest 

away from the central axis (about 90 and 270°). 

According to the experimental results, the inner tube 

wall pressure is high near the magnetic poles and is low 

near 90° and 270° being close to zero except when w = 

10 mm. When w = 10 mm, the pressure is positive 

probably because the dispersant aggregates near 90° and 

270° and the aggregate generates pressure by acting on 

the inner tube wall. In the magnetic field distribution 

when w = 10 mm, the magnetic flux density and the rate 

of decrease of the magnetic flux density are larger than 

those for the magnetic poles having different tip widths, 

so that aggregation occurs easily. 

Figure 6 shows the results of measuring inner tube wall 

pressure with WMCF25 as the MCF. Except when w = 6 

mm, the inner wall pressure is higher than with a 

magnetic fluid. The pressure is high near 90° and 270° 

when w is 2 and 10 mm. This pressure is attributable to 

the known anisotropy of the magnetic force generated 

by nearby magnetic clusters. Compared with the 

pressure distribution near 90° and 270°, the pressure 

distribution when w = 2 mm has an almost V-shaped 

trough. In this case, polishing does not progress because 

abrasive grains concentrate in confined regions near 90° 

and 270° where the pressure is low. When w = 10 mm, 

the pressure distribution shows a trough with a flat 

bottom. In this case, polishing proceeds because 

abrasive grains are scattered around 90° and 270°. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Figure 5 Pressure distribution inner tube wall (W-40) 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
Figure 6 Pressure distribution inner tube wall 

(WMCF25) 

 

In other words, a polishing effect is obtained when the 

pressure distribution is flat for the required polishing 

force near 90° and 270°. This is attributable to the radial 

force of magnetic cluster strips formed on the inner tube 

wall near 90° and 270°. Thus, the radial force of 

magnetic clusters acting on the abrasive grains is 

considered to produce the force for this polishing. 

 

CONCLUSION 

 
In this study, we clarified the mechanism of inner tube 

wall polishing using an MCF by observing the behavior 

of abrasive grains and measuring the pressure 

distribution on the inner tube wall. The results of this 

study can be summarized as follows: 

(1) Abrasive grains (glass beads) form strips along the 

tube wall in the center between the magnetic pole 

and in the region furthest away from the central 

axis (on the inner tube wall near 90° and 270°). 

(2) If the magnetic flux density and the rate of decrease 

of the magnetic flux density are large on the inner 

tube wall near 90° and 270°, the pressure 

distribution exhibits a flat trough in the required 

polishing force in these regions. 

(3) The radial force of magnetic clusters formed near 

90° and 270° act on abrasive grains to produce the 

force for this polishing. 
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ABSTRACT 

In this study we aim to realize an actuator that is comparable with a natural muscle from a viewpoint of flexibility, the 
output force and the responses. We constructed the Shape Memory Alloy (SMA) coil actuator protected by “a rolled 
film tube” with the high heat resistance and the high flexibility, and it is named “the unit cell”. The SMA coil in the unit 
cell is cooled down by inert liquid flowing through the rolled film tube. Then we constructed an actuator named “a 
motor unit” with the larger output force by bunching up seven unit cells, and the characteristics of the motor unit are 
investigated by the experiments in which the motor unit is driven in Pulse Frequency Modulation (PFM) found in the 
bio-motion. The result of the experiments shows that the static characteristics of the output force and the displacement 
to the input pulse frequency in the motor unit near proportion relations in comparison with the unit cell still more and 
the output force increases almost seven times as large as the unit cell. Consequently, it is found that these actuators 
proposed can be employed as applications to a flow control valve and an artificial arm. 

KEY WORDS  

Shape Memory Alloy, Artificial Muscle, Rolled Film Tube, Motor Unit, Pulse Frequency Modulation 

NOMENCLATURE 

g : gravity acceleration 9.8m/s2

L : output displacement in steady state m
m : mass of weight kg
P : input power W
T : time constant s

: power efficiency %

INTRODUCTION 

Recently, the necessity for a robot with high affinity for 
human is increasing. Such a robot needs artificial 
muscles with the figure and flexibility like those of a 
human body. Shape Memory Alloy (SMA) actuators 
with strong output force and large output displacement 
are researched as artificial muscle actuator in many 
research institutions. Thin SMA wires with small heat 
capacity are bunched in parallel at high density in order 
to get a high response and a strong output force. 
However, the bunched thin SMA wires are not able to 
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bend with flexibility. And the heat is accumulated in the 
space around the bunched thin SMA wires, so the 
compulsion cooling is necessary. A SMA wire is 
inserted in a high flexibility tube, and its some tubes are 
bunched. These SMA wires inserted are cooled by 
coolant flowing through the tubes. However, there have 
been no tubes that can fulfill two requirements of high 
heat resistance and high flexibility so far. For the 
solution of the above problem in this study [1], firstly, 
"a rolled film tube" with high heat resistance and high 
flexibility is proposed as a machine element for SMA 
actuators. Secondly, "a unit cell" is constructed with a 
SMA wire inserted in a rolled film tube as a minimum 
unit of artificial muscle. Thirdly, "a motor unit" like a 
natural muscle of spindle shape is constructed with a 
bunch of unit cells. An artificial arm should be driven 
by natural nerve impulse. The characteristics of the 
motor unit driven are investigated by the experiment in 
PFM. The pulse width and pulse frequency band of 
PFM are the same as a natural nerve impulse. 
Consequently, the output force and the output 
displacement are acquired which is almost in proportion 
to the pulse frequency. It is found in this study that the 
influence on the time constants of step response against 
input pulse frequency can be decreased by the pulse 
width control, and now the power conversion efficiency 
is several % [1]. 

CONSTRUCTION OF MOTOR UNIT 

On the anatomy, a bunch of muscle cells controlled by 
one motor nerve is called "a motor unit" [2]-[4]. "A unit 
cell" corresponds to one natural muscle cell. So in this 
study, a bunch of unit cells is called "a motor unit". How 
to make "a unit cell" is shown to the following. A film is 
cut as shown in Figure 1 (a). "A rolled film tube" is 
made of the film rolled as shown in Figure 1 (b). A 
rolled film tube is made of polyimide that has high heat 
resistance with glass transition point higher than 500 .
And a rolled film tube has a slide structure that can hold 
efficiently large displacement inner, so it acquires 
eminently large compliance as shown in Figure 2. 
Figure 2 shows the characteristics of a rolled film tube, 
and the characteristics of a silicone rubber tube are 
shown in this figure for comparison. Two electric wires 
and two aramid threads are attached on the both ends of 
a coil spring made of a thin SMA wire, and its SMA coil 
spring is inserted into the rolled film tube as shown in 
Figure 1 (c). Figure 1(d) shows that "a motor unit" is 
bunched by unit cells, and two silicone rubber tubes are 
attached on the both ends of the motor unit. A SMA coil 
spring in each unit cell bunched as a motor unit is 
equally cooled by coolant flowing through a rolled film 
tube. A photograph of the motor unit is shown in Figure 
1 (e). Practically, the flow control valve as shown in 
Figure 3 (a) and the artificial arm as shown in Figure 3 
(b) [1] can be realized by using some motor units. 

(a) Cut pattern 

(b) View of rolled film tube 

(c) Inside of unit cell 

(d) View of motor unit 

(e) Photograph of motor unit 

Figure 1 Motor unit 

Figure 2 Compliance characteristics 

APPARATUS AND METHODS 

In this experimental apparatus, Figure 4 (a) shows the 
front view and Figure 4 (b) shows the side views. The 
cross section of a motor unit is shown in Figure 5. The 
specifications of a unit cell are shown in Table 1. For 
minimizing the volume of a motor unit, 7 unit cells are 
bunched in a circle with minimum cross section area. 
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(a) View of flow control valve 

(b) View of artificial arm 

Figure 3 Applications 

(a) Front view         (b) Side view 

Figure 4 Experimental apparatus 

Figure 5 Cross section of motor unit 

Table 1 Specifications of unit cell 

Table 2 Specifications of inert liquid 

Its total weight is 1.05g. The coolant used is an inert 
liquid with electric high insulation. Its coolant is flowed 
by the supply and recovery pumps from the bottom of a 
motor unit to the top, and its temperature is kept to 36
by the temperature controller constructed with a heater, 
a thermocouple and a stirrer. The specifications of an 
inert liquid as coolant are shown in Table 2. The thread 
on the top of a motor unit is twisted around the pulley 1 
clockwise once, and its end is pulled by the weight of 
7N (700g). The output displacement of a motor unit is 
measured by the angles of the potentiometer. The pulley 
1 and 2 are separated or connected by the 
electromagnetic hysteresis clutch. While, one thick 
thread is twisted around the pulley 2 clockwise once. 
The upper end of its thread pulls the digital force gauge 
and its lower end is pulled by the weight of 40N (4kg). 
Therefore, the pulley 2 is held by the brake torque of 
40Ncm. At this time, the weight of 40N is indicated by 
the digital force gage. For measurement of the output 
force, first, the pulley 1 and 2 are separated, then a 
motor unit is given a bias strain by the weight of 7N 
(700g) as shown in Figure 4. Next, the pulley 1 and 2 
are connected, and then the SMA coil springs in a motor 
unit are heated by electric heating. Though a motor unit 
contracts, the pulley 1 is kept initial position by the 
pulley 2 braked. Then the weight of less than 40N is 
indicated by the digital force gage. The difference 
between its weight and 40N is the output force of a 
motor unit. 
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RESULTS AND DISCUSSION 

Output force and output displacement
It is found on the experiments that if the constant 
frequency pulse voltage is supplied to a motor unit, the 
static constant output force and the output displacement 
are generated corresponding with its frequency. Above 
result is confirmed on the rehearsal experiments [5]. 
Therefore, the constant frequency voltage pulse trains 
are supplied to a motor unit. The pulse width (0.5ms) 
and frequency band (10-70Hz) of its pulse train are 
same as a natural nerve pulse train. Then the output 
force and displacement generated is measured about 
every frequency. The height of pulse voltage is 100V 
which is the rated voltage of a switch device. The 
relations of output force and output displacement of 
motor unit against pulse frequency are shown in Figure 
6 (a) and 6 (b), respectively. For comparison, the 
experimental result of one unit cell is inserted into 
Figure 6 (a) and 6 (b). Figure 6 shows that the 
maximum output force of the motor unit is 22.5N, and 
amounts to 7 times of a unit cell. The maximum output 
displacement is 40.6mm. Consequently, when a motor 
unit is made of seven unit cells bunched, its output force 
is seven times bigger than one unit cell's output force 
and its output displacement is 85% of one unit cell's 
output displacement. It is found that the output force of 
a motor unit increases in proportion with number of the 
unit cell, and the reduction of the output displacement is 
due to the friction between the bunched unit cells. 

(a) Output force 

(b) Output displacement 

Figure 6 Static characteristics of motor unit 

Pulse frequency and step response
The step responses of the motor unit are obtained 
experimentally on the coolant flow of constant 
105ml/min. These results are shown in Figure 7 (a) and 
7 (b). For comparison, the results of response of the 
output force and the output displacement of one unit cell 
are inserted into Figure 7 (a) and 7 (b). The 
experimental condition are as follows, (coolant flow: 
14ml/min, pulse width: 0.5ms, pulse frequency: 70Hz). 
When the pulse voltage trains (height: 100V, width: 
0.5ms, frequency: 10-70Hz) are inputted to a motor unit 
and a unit cell at the zero second, Figure 7 (a) and 7 (b) 
show the temporal responses of output force and output 
displacement on a motor unit and a unit cell. Figure 7 
shows that the time constant T of the output force is 0.6s 
and the time constant T of the output displacement is 
0.4s. However, on the pulse frequency of 70Hz, the 
minimum time constant T of a motor unit is 1.5s on the 
output force and is 1.8s on the output displacement. 
Consequently, the time constants of one motor unit are 
2.5 times of the unit cell about output force, and are 4.5 
times of the unit cell about output displacement. 
Pulse width and step response
The heat capacity of the motor unit increases, because 
the dead space volumes of a motor unit increase by 
bunching unit cells as shown in Figure 5. It is 
considered that the increase of the time constant 
depends on the increase of the heat capacitance of the 
motor unit. At the pulse frequency of 70Hz, the step 
responses of the output force and the output 
displacement are shown in Figure 8 (a) and 8 (b), by 
taking pulse widths as parameter. The pulse width 
patterns of the pulse trains are shown in Figure 9. The 
time constant T in the step response about the output 
force of the motor unit is 1.5s, when the pulse width is 
0.5ms. Its time constant is 0.9s longer than the time 
constant of 0.6s of a unit cell. When the pulse width is 
extended to 2.0ms, the time constant T is shortened to 
0.8sec. Similarly, the time constant T in the step 
response about the output displacement of a motor unit 
is 1.8sec, when the pulse width is 0.5ms. Its time 
constant is 1.4sec longer than the time constant of 
0.4sec of a unit cell. When its pulse width is extended to 
2.0ms, the time constant T is shortened to 0.5s. 
Therefore, when the pulse width of a motor unit is 
extended, its time constant is shortened to the level of a 
unit cell. 
Pulse frequency and time constant
The time constants of the output force and the output 
displacement against the pulse frequencies are shown in 
Figure 10 (a) and 10 (b). In Figure 10, the time 
constants are not mostly influenced by the frequency 
higher than 40Hz in case of the pulse width more than 
1.0ms. Consequently, it is found that the influence of the 
frequency on the time constant can be made smaller by 
controlling the pulse width. 
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(a) Output force 

(b) Output displacement 

Figure 7 Pulse frequency dependency on step response 

Pulse frequency and power efficiency
The power efficiencies of the actuator in this study 
against the pulse frequencies by the pulse widths as the 
parameters are shown in Figure 11, by taking the pulse 
widths as parameter. The power efficiency [%] can be 
obtained by the following equation. 

In this equation, 0.63L/T is the average velocity [m/s] of 
a unit cell or a motor unit. In Figure 11, the power 
efficiency of a unit cell shows approximately 9% in the 
frequency region higher than 30Hz. It is well-known 
that the power efficiency of SMA is approximately 10% 
[6], and the efficiency of our unit cell attains to this 
value. However, the power efficiencies of a motor unit 
show several % in the frequency region higher than 
20Hz. 
Comparison of natural muscle with motor unit
The main data of a natural muscle and a motor unit are 
shown in Table 3. The data of a natural muscle are 
calculated by using the reference [2]-[4]. The size of the 
natural muscle model is set at the same size with a 
motor unit.  

(a) Output force 

(b) Output displacement 

Figure 8 Pulse width dependency on step response 

Figure 9 Pulse width pattern 

The outer diameter is 4.5mm, the length is 100mm, 
and the volume is 1590mm3. In summary of Table 3, the 
weight and the density are approximately half on a 
motor unit against a natural muscle model. The 
maximum output force and the maximum output 
pressure are approximately 3 times. The maximum 
output displacement is approximately same. The 
maximum output force/self weight and the maximum 
output pressure/density are approximately 4 times [7]. 
From these results, it is found that the characteristics of 
a motor unit in this study are more excellent than a 
natural muscle. From this study, it is found that the time 
constant can be improved by controlling the pulse width 
to some extents. 
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(a) Output force 

(b) Output displacement 

Figure 10 Pulse frequency dependency on time constant 

Figure 11 Power efficiency characteristics 

Table 3 Comparison of natural muscle with motor unit 

CONCLUSIONS 

"A rolled film tube" with high heat resistance and high 
flexibility is proposed. "A unit cell" as minimum unit of 
the artificial muscle is constructed with a rolled film 
tube and a SMA coil spring. A SMA coil spring inserted 
into "a unit cell" is cooled by the inert liquid through the 
rolled film tube. "A motor unit" is constructed with a 
bunch of 7 unit cells. The characteristics of a motor unit 
are investigated experimentally. The main results are as 
follows. 
(1) The static characteristics of the output force and the 
output displacement are approached to the static 
characteristics of a living body by bunching unit cells. 
(2) In the same frequency, the input heat quantity can be 
controlled by the pulse width. 
(3) When the pulse width is expanded, the power 
efficiency is decreased in the high frequency band. 
It is found that a motor unit may be able to drive 
directly by a natural nerve impulse. The construction of 
the control system with higher power efficiency and 
smaller time constant will be an aim of our further 
study. 
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ABSTRACT 

Immersion lithography has been proposed as a method for improving optical lithography resolution to 32 nm. The 
premise behind the concept is to increase the refraction index in the space between the lens and wafer by insertion of a 
high refractive index liquid in place of the low refractive index air that currently fills the gap. During the scanning and 
exposure process, immersion liquid is injected into the space between wafer and lens with certain inlet pressure and 
angle. Because the liquid will act as a lens component during the lithographic process, it must maintain high uniform 
optical quality. One source of optical degradation may be due to lens distortion caused by the pressure distribution 
nonuniformity in the fluid flow field. Consequently, any deviations of pressure distribution on flow field boundary in 
direct contact with lens may damage the uniform optical path.  
Three-dimensional computational fluid dynamics models were created to assess the pressure distribution characteristics 
relevant to flow rates and injecting angles of immersion liquid. Flow field stream patterns were discussed corresponding 
to dispense port numbers. The numerical simulation results were presented, featuring lens normal and shear pressure and 
injection flow, considering fluid injecting velocity, dispense ports quantity, and direction angles. 

KEYWORDS 
Immersion lithography, pressure, fluid flow 

INTRODUCTION

For most of the microelectronics industry history, optical 
lithography has been the backbone for continuing the 
trend of making features even smaller. However, as the 
apparent inability of optical lithography for future 
requirements, technology evolution to next-generation 
lithography (NGL) was becoming necessary.  

Among all of the competing NGL technologies, 
Immersion lithography has been proposed in the past as a 
method to improve the resolution of optical lithography, 
but more recently it has been gaining popularity due its 
potential for achieving resolution down to 50 nm and 
below. It has shown promise as a technology extending 
optical lithography without significant changes to the 
manufacturing infrastructure used for decades. [1,2] 
The intention of immersion lithography is to increase the 
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index of refraction in the space between the lens and 
wafer by introducing a high refractive index liquid in 
place of the low refractive index air that currently fills the 
gap. Because the liquid acts as a lens component during 
scan-step process, it must maintain a high and uniform 
optical quality. Thus, an immersion unit structure must be 
implemented to keep the flow field from leaking. Also, 
the immersion liquid within the gap has to be updated as 
substances unwrapped from chemical reacting may affect 
the optical quality of the liquid. As a result, the streamline 
patterns in flow field and velocity distribution have to be 
predicted, and the spatial distribution and magnitude of 
pressure distribution on lens have been investigated. 

FLOW FIELD MODELING AND BASIC INPUT 
PARAMETERS 

Figure 1. Schematic of the CFD model used to investigate the 
normal and shear forces on the lens. 

A schematic of the model used to study the gap flow field 
is shown in Figure 1. Top-down and cross-sectional views 
of the lens/gap/wafer system are shown. To approximate 
the recovery system, the boundaries at both edges of the 
model are assumed to have a fixed, negative pressure of 
50 Pa. The dispense ports are planar with underneath 
surface of the lens and the spaces between the lens, 
dispense port, and liquid collection boundary are 
enclosed by solid boundaries. The parameter 
implemented on the above model are listed in Table. 1, 
and the remaining parameters are discussed in the 
following context. 

Table. 1. Input parameters and material properties for numerical 

models

Parameters Value 

Fluid density 998.2 kg/m3

Fluid viscosity 0.001003 kg/ms 
Surrounding pressure 101325 Pa 

Inject velocity 0.1mm/s 
Dispense port total area 55.50 mm2

Gap Thickness 1mm 
Lens area 1963.495mm2

STREAM PATTERNS IN FLOW FIELD 

Through increasing the number of dispense ports, the 
streamline patterns are listed in Figure 2. Apparently, 
with asymmetrically ports distribution, the streamline 
covers entirely and smoothly over the whole lens area, 
which means better consistency for flow direction. 
However, taking wafer motion into account, symmetric 
dispense ports provides much more tolerance of flow 
change with the course of time due to wafer motion.  

Figure 2. Flow field stream patterns for varying dispense port 
quantity. 

VELOCITY DISTRIBUTION FOR FLOW FIELD 
FLUID

The velocity distributions along lens diameter in Section 
A-A (Figure1.) for varying injecting velocity are 
presented in Figure 3(a), for varying dispense ports 
quantity in Figure 3(b), and for varying injecting angle in 
Figure 3(b). As in Figure 3(a), increasing the injecting 
velocity partially affects the marginal area of the flow 
field, and the minimum velocity keeps under 10mm/s. As 
in Figure 3(c), the velocity distribution is left nearly the 
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same, which indicates that it’s probably not necessary to 
increase the injection angle by altering the immersion 
unit structure for higher flowing speed in the fluid field. 
As in Figure 3(b), the cases with symmetric dispensing 
geometries have the minimum flowing speed near the 
lens center, while the case of single dispense port with the 
maximum and the minimum speed located to the lens 
margin. This indicates the case of single dispense port 
endorsed with higher general distribution of flow velocity, 
which means less updating time for gap fluid field. 
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Figure 3. (a) shows the velocity magnitude as a function of lens 
center distance, for varying injecting velocity. (b) shows the 
velocity magnitude as a function of lens center distance, for 

varying dispense ports quantity. (c) shows the velocity 
magnitude as a function of lens center distance, for varying 

injecting angle. 

NORMAL PRESSURE ON LENS 

With the schematic of the model shown in Figure 1, the 
shear and normal forces on the lens are studied. Normal 
forces across the final lens from the immersion flow field 
are shown in Figure 4, Figure 5, and Figure 6 for various 
liquid injecting configurations and geometries. 
In Figure 4(a), the double dispense ports consist of 60 
degree annular sections with a constant velocity at 0.1m/s 
straight towards the wafer surface, while the velocity has 
been increased to 0.2m/s. For the models in Figure 5(a) 
and Figure 5(b), which have the same liquid injecting 
velocity and injecting angles, the dispense port in Figure 
5(b) is divided into four separate parts, symmetrically 
around the lens area. Since the dispensing ports area 
remains the same, the total flow rates are equal. The 
injecting angle has been increased from 15 degree in 
Figure 6(a) to 45 degree in Figure 6(b), with other 
parameters being identical. 

Figure 4. Normal pressure distribution on lens for varying 
injecting velocity. 

Figure 5. Normal pressure distribution on lens for varying 
dispense port quantity. 

Figure 6. Normal pressure distribution on lens for varying 
injecting angle. 
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In all eight cases, it can be seen that a pressure gradient 
exists across the lens. The moment resulting from this 
pressure gradient will tend to cause the lens to tip away 
from the higher pressure side, which can be avoided by 
increasing the dispense port number, resulting in 
symmetric gradient patterns. Normal pressure distribution 
deviation on lens exacerbates greatly as injecting velocity 
increases, while not quite affected by more dispense ports 
or bigger injecting angles. The overall gradient for the 
lens normal pressure mostly distributes outboard dispense 
ports opening, which is far away from the lens. However, 
these forces will have direct impact on wafers and must 
be investigated further using a structural model of the 
overall lens housing in order to determine if changes to 
the immersion unit structure are necessary. 

SHEAR PRESSURE ON LENS 

Shear forces across the final lens from the immersion 
flow field are shown in Figure 7, Figure 8, and Figure 9 
for the same liquid injecting configurations and 
geometries shown in Figure 4, Figure 5, and Figure 6 
separately. 

Figure 7. Shear pressure distribution on lens for varying 
injecting velocity. 

Figure 8. Shear pressure distribution on lens for varying 
dispense port quantity. 

Figure 9. Shear pressure distribution on lens for varying 
injecting angle. 

Shear stresses on the lens may cause birefringence. An 
analysis has been done to estimate the magnitude of the 
birefringence induced in the lens. So, the largest 
birefringence estimates in worst situation would be[3] 

02birefringence CR           (1) 

where C is the birefringence constant, R is the radius of 
lens, and 0  is the shear force. Assuming a 
birefringence constant of 5 (nm/cm)/(kg/cm2) and using 
the maximum shear stress obtained from Figure 7(b), the 
computed birefringence is less than 0.002 nm for a 5.0 
cm diameter lens. This is a very small value, meaning 
that the birefringence introduced by shearing pressure 
will probably not be a factor in imaging defection, 
relevant to the above eight sets of liquid injecting 
configurations and geometries. 

SUMMARY AND CONCLUSION 

Three-dimensional computational fluid dynamics models 
have been created to assess the stream patterns in flow 
field within a range of dispense ports. Velocity 
distribution for flow field fluid has been discussed with 
injecting angle, dispense port quantity, and injecting 
velocity as parameters. The result has indicated that it’s 
probably not necessary to increase the injection angle by 
altering the immersion unit structure for higher flowing 
speed in the fluid field and the case of single dispense 
port is endorsed with higher general distribution of flow 
velocity, meaning less updating time for gap fluid field. 
Normal and shear pressure on lens have been presented 
and discussed. A prediction has been made that the 
birefringence introduced by shearing pressure will 
probably not be a factor in imaging defection, relevant to 
the above eight sets of liquid injecting configurations and 
geometries simulated. 
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