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ABSTRACT 
 

This paper presents high performance control of electrohydraulic actuators for generating near periodic time varying 
trajectories. Such type of trajectories can be found in many industrial applications, particularly those involving 
master-slave type electronic cam-follower motion generation.  The control algorithm includes a robust feedback 
control for disturbance rejection, a repetitive control to compensator for periodic signals, and a previewed feedforward 
control for tracking time varying signals.  The three control actions are numerically solved simultaneously by 
formulating the control problem as a µ-synthesis problem.  The µ-synthesis formulation includes practical design 
constraints by imposing frequency domain bounds of disturbance rejection, model matching error for tracking, 
unmodeled dynamics for robust stability, a periodic signal generator in the repetitive control, and a delay filter that 
corresponds to the preview length of the feedforward compensator. The proposed control design approach is applied to 
an electrohydraulic actuator to generate cam lobe profiles for cam shaft machining application.  Control realization 
issues including model structure of electrohydraulic actuators, characterization of system model and uncertainty bounds, 
and controller order reduction for real-time implementation by digital signal processors are discussed.  Experimental 
results are presented to demonstrate the design process and control performance. 
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INTRODUCTION 
 
Fluid power is a main source of actuation used in 
diverse industrial applications where high level of 
dynamic motion and force requirements make it as the 
only choice among various methods.    In many 
applications, hydraulic actuators are used to generate 
motion in synchronization with a process. The motion 
generated by this master-slave type of electronic cam is 
often repetitive or near periodic. For example, in 

machining of non-circular engine parts, such as pistons, 
crankshafts, and camshafts, the cutting tool must 
precisely tracks a predefined profile as a function of the 
work piece rotational angle and axial length.  The 
profile essentially repeats itself in every work piece 
rotation, but may change with respect to the tool’s feed 
progression along the work piece axial length.  Other 
examples include camless engine valve motion 
generated by electrohydraulic actuators and hydraulic 
ram motion for material forming (injection molding and 



stamping).  Control of electrohydraulic actuators for  
generating dynamic motion is challenging because the 
high order dynamics and nonlinearities presented in the 
hydraulic system requires advanced control design 
approach beyond the conventional low order linear 
control approach.  Industrial motion controllers, most 
of which are limited to PID 
(proportional-integral-derivative) plus velocity and 
acceleration feedforward control actions, are generally 
effective for controlling mechanical motion generated 
by electric servo motors, but they are usually ineffective 
in controlling high bandwidth servo hydraulics.  This 
paper addresses high order linear control design for high 
performance trajectory tracking with application to 
electrohydraulic systems, where the nonlinearities are 
accounted for in characterizing the uncertainty bounds 
of the linear model.  

In tracking or rejecting periodic signals, the internal 
model principle [1] states that a periodic signal 
generator is required in the feedback loop to make 
output asymptotically track or regulate this periodic 
signal. Several discrete-time repetitive control design 
techniques [2, 3, 4, 5, 6, 7] have been proposed in 
literature. However, they do not consider near periodic 
or non-periodic signals.  Some published literature in 
discrete-time repetitive control considers both periodic 
and non-periodic signals. In [8] a disturbance observer 
is used to estimate and cancel disturbances in the inner 
feedback loop. In [9] the low-pass filter of the periodic 
signal generator in the prototype repetitive control 
proposed in [2, 6] is modified by frequency shaping of 
the sensitivity function so that the resulting sensitivity 
function may selectively reduce repeatable and 
non-repeatable runout in the computer disk drive head 
servo control problem.  A method for designing robust 
repetitive control using structured singular values was 
proposed in [10, 11]. In this method, the non-periodic 
signal is accounted for by specifying a sensitivity 
weighting function and the high order delay term in the 
periodic signal generator is treated as a fictitious 
uncertainty so that µ-synthesis may produce a 
reasonably low order controller.  The above repetitive 
control designed for rejecting disturbances are not 
equipped with previewed feedfoward action for tracking 
reference signals. 
  Tracking control problems are usually designed with 
a two-degree-of-freedom control structure, in which the 
feedback and feedfoward controllers are designed 
independently. A two-degree-of-freedom extension of 
H∞ loop-shaping design [11] to enhance the 
model-matching properties of the closed-loop was 
proposed in [13, 14]. In [15] a two-step design 
procedure was proposed based on Youla 
parametrization of two-degree-of-freedom controllers. 
In the first step a model-matching approach is used to 
set the desired nominal tracking objectives and in the 
second step µ-synthesis technique is applied to achieve 

the robust performance objectives. A game theory 
approach was proposed to solve the H∞   tracking control 
problem of a causal or non-causal reference signal [16].  
These two-degree-of-freedom controllers cannot readily 
include the repetitive control action because including 
the internal model, which contains a long delay in the 
periodic signal generator, would substantially 
complicates the model matching problem and solution. 

This paper presents an integrated feedforward, 
robust feedback, and robust repetitive control structure 
and its design method.  The robust feedback control 
action provides the basic disturbance rejection and 
tracking function.  The repetitive control action deals 
with periodic components of the disturbance and 
reference signal.  The previewed feedforward 
addresses non-periodic time varying reference signals. 
The integrated control is particularly effective in 
tracking near periodic signals.  Based on this control 
structure, we first present a sequential design method 
[17] based on zero phase error tracking control 
(ZPETC) approach [18]. Then a integrated design 
approach [19] that simultaneously solves the three 
control actions by µ-synthesis framework is presented  

The rest of this paper is organized as follows: 
Section 2 presents the proposed control structure with 
the ZPETC design approach. Section 3 presents the 
presents µ-synthesis design approach.  Section 4 
presents the modeling of an electrohydraulic servo 
system for robust control design. Section 5 presents the 
digital control implementation and experimental results 
for the µ-synthesis design to the system. Finally, 
conclusions are given in Section 6. 
  
ROBUST FEEDBACK REPETITIVE AND 
FEEDFORWARD CONTROL BY ZPETC 
 
The control structure shown in Figure 1 consists of the 
three control actions: robust feedback control, repetitive 
control, and feedforward control. The robust control 
action is realized by a causal compensator K1.  The 
repetitive control consists of the periodic signal 
generator and a causal compensator K2.  The filter Q 
will be described later.  Finally, the feedforward 
control consists of a F-step delay block and a causal 
compensator K3.  Before the F-step delay block is the 
previewed reference signal r(k+F). A simple design 
approach of the repetitive and feedforward control 
based on the zero-phase-error tracking control (ZPETC) 
[18] is presented in this section to demonstrate this 
control structure’s feature.  
 In robust feedback control system design the system 
dynamics are modeled with a multiplicative uncertainty 
in the form of 
 
G(s) = [1 + ∆(s)Wr(s)] Go(s),  (1) 
 



where G(s) represents the real system dynamics, Go(s) 
is the nominal model used for control design, and Wr(s) 
is a fixed stable transfer function which bounds the 
model uncertainty.  The function ∆(s) includes all 
stable transfer function satisfying   
 
|| ∆(s) ||∞  :=  sup

ω    | ∆(jω) |  ≤  1.   (2)  
 
The robust performance is specified in the frequency 
domain by a weighting function Wp(s), which typically 
has larger magnitudes at lower frequencies, indicating 
desired tracking at these frequencies:   

||   ||    1 W Sp < , where 
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A necessary and sufficient condition for robust 
performance [13] is (in frequency domain) 
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The tracking performance represented by the sensitivity 
function S is not satisfactory for precise dynamic profile 
generation because of the dynamic delays, particular 
phase delays, in the closed loop system.  For example, 
1 degree of phase error of a single frequency sinusoidal 
wave will generate about 1.7% maximum tracking error 
in magnitude.  Repetitive control and feedforward 
control are used in a plug-in manner to the feedback 
controller to achieve superior tracking performance.   

One effective method to design discrete-time 

repetitive controller is the prototype repetitive control as 
described in [2, 3].  This controller is designed based 
on the nominal closed-loop transfer function GoTo :  

Ho(z-1)  = Go(z-1) To(z-1) =   
z-d Bcl(z-1)

Acl(z-1)
 , (5) 

Acl(z-1) = 1 - a1z-1 - ... - anz-n 

Bcl(z-1) = b0 + b1z-1 + ... + bmz-m ,  b0 ≠ 0 
 
As Figure 1 shows, the prototype repetitive control 
action consists of the periodic signal generator, where N 
represents the number of data points in one period, 
cascaded with a compensator K2: 
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Here, -1( )B zcl

+ contains the stable zeros of -1( )B zcl  to 

be cancelled, and -1( )B zcl
− must contain all the roots of 

-1( )B zcl outside or on the unit circle to avoid unstable 

pole-zero cancellation.  Also -1( )B zcl is obtained by 

substituting z for z-1 in -1( )B zcl
− . 

 The low-pass, zero-phase filter Q(z,z-1) is 
included in the periodic signal generator to ensure 
robust stability for the repetitive controller.  For this, 
the multiplicative uncertainty bound for the closed loop 
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Figure 1. Block diagram of the control system. 
 



transfer function Ho is calculated in the discrete-time 
domain from the open loop plant uncertainty bound 
Wr(ω) for each case and is denoted as Wrcl(ω).  The 
following robust stability condition can be derived [6] to 
determine Q: 

1
| ( ) |

| ( ) |
Q

Wrcl
ω

ω
<  for all ω. (7)  

 
 To further enhance the tracking performance, 
especially for near periodic or non-periodic reference 
signal, feedforward compensator K3(z) is introduced. In 
tracking control, it is often desirable to incorporate 
preview action to compensate for the dynamic delay of 
the plant. This means that a finite number of future 
reference signal is available and that the feedforward 
controller needs not be causal. A general technique to 
design optimal feedforward tracking control based on 
different criteria and constraints are presented in [20].  
A simple yet effective method is to implement the zero 
phase error tracking controller (ZPETC) [18] based on 
the open loop nominal plant model Go(z-1): 

Go(z-1) =   
z-d B(z-1)

A(z-1)
 ,   (8) 

K3(z-1) =  z-F zd A(z-1) B-(z)

 B+(z-1) [B-(1)]2 , (9) 

where B-(z) and B+(z-1) are as previously described. 
The F-step finite preview (look ahead) of the reference 
signal corresponds to the plant delay d plus the order of 
B-(z). 
 With the above three control actions, the tracking 
performance characterized by the transfer function from 
the reference input to the tracking error (r  e) for the 
nominal plant model is 
 

    S S S Srep otot ff= ⋅ ⋅  , (10) 

 
where 
 

    (1 -   )3S G Koff =  (11) 

1
1  
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The multiplying effect of adding the plug-in 
feedforward and the repetitive controllers to the 
feedback controller make it easy to identify the 
contribution of each control action in the tracking error 
reduction.   
 Now let T be the sampling time and substitute 
z=ejωT, then it is easy to see from Eq. (12) that as long 
as the zero-phase low-pass filter Q(z, z-1) is close to 

unity, the magnitude of sensitivity function Srep is close 
to zero at integer multiples of 1/NT, which represents 
the Fourier harmonic frequencies of the periodic signal. 
The magnitude may be as large as 2 between these 
frequencies. Thus the ZPETC-type prototype repetitive 
control may amplify non-periodic disturbances. 
 
ROBUST REPETITIVE AND FEEDFORWARD 
CONTROL BY µ-SYNTHESIS 
 
      µ-synthesis is a powerful control design technique 
for a system subjected to structured, linear fractional 
transformation (LFT) perturbations. While designing a 
controller via by µ-synthesis, it is convenient to 
enforcing the robustness (both stability and 
performance) of the system by providing appropriate 
weighting functions. It is a well known fact that modern 
control design methods such as H-infinity control 
and µ-synthesis produce controllers of order at least 
equal to the plant, and usually higher because of the 
inclusion of weighting functions. With regards to 
computational complexity and practical implementation, 
the order of z-N+L in the periodic signal generator in 
Figure 1 is too high to be directly included in a 
discrete-time µ-synthesis formulation.  One useful 
technique [10, 11] is replacing z-N+L by a fictitious 
uncertainty ∆f and then applying µ-synthesis to design a 
robust repetitive controller. In addition, a reference 
model M is introduced and is to be matched by the 
overall transfer function from the reference r to the 
output y.  The overall µ-synthesis control design 
structure is shown in Figure 2.  

In Figure 2, the three uncertainty blocks ∆r, ∆p, ∆d,  
in addition to the aforementioned uncertainty ∆f , are 
accompanied by the respective weighting functions.  
The weighting function Wr(z), as previously described, 
specifies the bound of the plant uncertainty.  The 
weighting function Wp(z) specifies the bound for the 
model reference matching error (r  em). The weighting 
function Wd(z) specifies the bound for disturbance 
rejection (d  em).  The reference model M(z) may be 
a zero-phase low-pass filter with unity gain.  Notice 
that a non-causal M(z) can be used, as long as z-F M(z) is 
causal. 

When all the uncertain perturbations are pulled out 
into a block-diagonal matrix, the final augmented block 
structure of the perturbations is 
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When the controllers [K1 K2 K3] are pulled out, the 
remaining part is the generalized plant P, as shown in 
Figure 3.  Assume that the nominal stability is 
achieved such that  

( ) ( ) 1
, 11 12 22 21U F P K P P K I P K P

−
= = + −l  (14) 

   
is (internally) stable, then robust performance is 
obtained if the following structured singular value 
(µ-value) is satisfied [21]: 
 

( ) 1ˆ Uµ <
∆

        (15) 

 
Unlike the ZPETC-type repetitive control system, this 
method does not require the plant G(z) to be stable.    
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Figure 3 LFT form of the Control System 

                                                                   

Further, the design of the repetitive controller K2 is not 
based on closed loop transfer function Ho, which 
includes the robust feedback controller K1. 

 
MODELING OF ELECTROHYDRAULIC SERVO 
SYSTEM FOR ROBUST CONTROL DESIGN 
 
In this section, we present a design example for an 
electrohydraulic system used in the noncircular turning 
process. Figure 4 shows a “two-dimensional” 
cam-shape profile used in the experiment.  This profile 
could correspond to variable cam timing or lift in 
contrast to the conventional “one-dimensional” profile, 
in which the cross section is fixed. θ- and x-directions 
are defined as shown in the figure. 

Now consider machining this twisted cam-shape by 
direct turning process with a constant spindle speed and 
feed rate. The tool motion should follow the reference 
given by the two dimensional profile r(θ,x). Notice in 
the figure that the cam profile remains fixed from z = 0 
to 20 mm (i.e. periodic), then its magnitude and phase 
change in the range 20 to 36 mm, and finally there is 
only phase change from 36 to 60 mm. The cross 
sectional view and its normalized power spectrum of the 
two-dimensional cam-shape profile at x = 0 mm are 
shown in Figure 5. The spectrum appears only at the 
fundamental frequency and its harmonics because the 
cam profile is periodic when the spindle rotates at a 
constant speed. The cross sections at x = 36 and 60 mm 
are rotated 60 and 36 degrees, respectively, clockwise 
from the cross section at x = 0 mm. In the experiment, 
the real-time reference signal was generated by 
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Figure 2 µ-synthesis control formulation 
 
 



 

traversing this cam profile at a spindle speed of 600 rpm 
and a feed rate of 0.2 mm/sec, and 600 samples per 
spindle revolution, which corresponds to digital control 
sampling rate of 6 kHz.  

Figure 6 shows the cross sectional view of the 
electrohydraulic actuator developed for the non-circular 
turning application.  The actuator has a double acting 
and equal area piston and tapered hydrostatic bearings 
to support side loads applied to the actuator. The 
actuator is driven by a flapper nozzle type servovalve. 
Inside the hollow piston is a piezoelectric actuator used 
for dual-stage actuation [11].  Piezoelectric actuation 
will not be discussed in this paper.  The actuator has an 
analog proportional feedback loop with an internal 
LVDT sensor.  The actuator motion is measured by a 
laser encoder having a 0.63 µm resolution.  

The servo valve and hydraulic actuator dynamics are 
slightly nonlinear due to flow-pressure drop relation 
through orifices.  However, linear model Go(s) and its 
uncertainty bound Wr(s) are required for the controller 
design.  The effect of nonlinearity for different flow 
rates may be considered as perturbations 
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Figure 7 Frequency Response of the Hydraulic 
Servo 

to a nominal linear model.  In [17] an effective method 
to determine Go(s)  and Wr(s)  was proposed. A 
suitable range of input magnitudes, which cause various 
flow rates, were applied to the system to obtain outputs 
and corresponding frequency responses.  These 
experimental frequency responses are then used to 
determine a nominal frequency response.  A least 
squares fit of this nominal frequency response to a 
transfer function model renders Go(s), and the maximum 
residual errors with respect to all the frequency response 
data render Wr(s).    

According to the linearization of the servo valve and 
actuator’s nonlinear dynamics, the nominal transfer 
function Go(s) has one unstable zero and eight stable 
poles [21].  The unstable zero comes from the 
servovalve, where a mechanical feedback spring 
connects the torque motor armature and the valve spool. 
The experimental averaged frequency response and its 
nominal model shown in Figure 7 have very close 
agreement by confining the model to this structure.  
This accurate dynamic model is critical to achieving 
high performance in the subsequent model based control 
system design.     

The discrete nominal model Go(z) is computed from 
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the continuous-time model using a zero-order-hold 
transformation. The magnitude Bode plots of Go(z), 
M(z), q(z,z-1), 1/Wp(z), 1/Wd(z), and Wr(z) used in this 
design example are shown in Figure 8.  N was 600 and 
L was chosen to be 10. The reference model M is 
selected as the following zero phase low-pass filter 
form:  
 

M(z)=(0.25z+0.5+0.25z-1)n.       (16) 
 
Its bandwidth reduces as n increases. The value n was 2 
in the design and the same zero filter was used for the 
filter q(z, z-1).  
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Several sets of controllers based on  µ-synthesis are 

designed with different preview length (F values).  The 
error transfer functions e/r are compared for F = 2, 4, 6, 
8, 10 in Figure 9.  We can see deep notches whose 
ends are marked at the fundamental frequency and its 
harmonics. The notches are a distinctive characteristic 
of repetitive control providing high gain at these 
frequencies. It clearly shows that tracking error reduces 
as the preview length F increases. While increasing F 
theoretically and intuitively continues to reduce the 
tracking error, unmodeled dynamics and noise in the 
real system prevents reduction beyond a certain F value.  
In the experiment presented next F=8.  Notice that all 
the tracking error transfer functions are below the upper 
bound 1/|Wp (ejωT)|. Also, the disturbance rejection 
transfer functions d/e are all bounded by 1/|Wd(ejωT)| 
although the corresponding plots are not presented here. 
A two parameter robust repetitive control (TPRRC) 
using the above structure with the same design 
parameters described above but without the feedforward 
controller K3 was also designed for comparison with the 
present controller. Figure 10 shows the resulting 

tracking error transfer function of TPRRC. 
 

 
  
Figure 9 Transfer function of error/reference 
 

 
 

Figure 10  TPRRC error/reference transfer function 
without feedforward control  

 
 
CONTROL IMPLEMENTATION AND 
EXPERIMENTAL RESULTS 
 
The controller with the three control actions designed by 
the µ-synthesis method with a preview length of eight 
was initially in a 65th order state space form.  For 
real-time implementation, controller order reduction 
was performed for each of the three input channels 
independently. The controller order was educed to 9th, 
8th, and 13th for K1, K2, and K3, respectively. The µ 
values from the reduced order controller were almost 
the same as those from the full order controller. 

All the designed real-time controllers were 
implemented by a 32 bits floating point digital signal 
processor (TMS320C32). Finite word length (FWL) 
truncation error is another important factor in the fast 
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sampling rate digital controller implementation.  The 
32 bits floating point DSP provides single precision 
floating point number representation, which has a finite 
precision of approximately 7 significant decimal digits 
and a finite range of 10-38 to 10+38. The original high 
order controllers not only consume much computational 
time but also are vulnerable to FWL errors. Controller 
order reduction can be employed to overcome this 
situation. The output from K3(z) may be calculated 
off-line because it does not use feedback signal. The 
controller order reduction and numerical truncation 
effects on K3(z) was checked by comparing the off-line 
64 bit double precision computation for the initial 65th 
order controller with the on-line single precision 
computation of the reduced order controller. The 
experimental tracking performance for these two cases 
was almost the same and justified the controller 
reduction approach.  Similarly, a 45th order controller 
from TPRRC was reduced to a 9th and 8th order for K1 
and K2, respectively. The details of the model reduction 
procedure adopted here can be found in [11].                                              

The reference signal was generated from the 
two-dimensional cam-shape profile in Figure 4 with a 
spindle speed of 600 rpm and feed rate of 0.2 mm per 
spindle revolution. The experimental results of the 
control system are shown in Figure 11 in terms of RMS 
errors calculated per spindle revolution (600 samples).  
A few leading seconds were given to the actuator 
system until it reached its steady-state at x = 0. Due to 
the hardware limitations, the whole two-dimensional 
reference could not be imported into the C32 DSP. The 
cross sections of Figure 4 were specified at every 0.6 
mm and linear interpolation was used to generate the 
real-time reference for the controller. The effect of the 
linear interpolation appeared as small ripples in the 
RMS error curve distinctively in the range of x = 20 to 
36 mm. where both phase and magnitude of the cam 
profile varies.   

Both controllers generated very small tracking error, 
where their RMS errors are less than 20 µm for the 
entire cam profile, which has over 6 mm lift.  The 
integrated controller with all three control actions has 
consistently superior performance than the similarly 
designed TPRRC, which does not have feedforward 
action. The reference is near periodic at x > 20 mm  
and as such the previewed feedforward control action is 
very effective in reducing the tracking error as it is 
compared with TPRRC. Figure 12 shows the tracking 
errors at x = 10, 25, 50 mm of the two control design 
methods. The abscissa of each plot represents time in 
seconds. Note that at x = 10 mm the reference is purely 
periodic, at x = 25 mm the magnitude and phase change, 
and at x = 50 mm only the phase changes. As shown in 
the figure, the method with all three control actions has 
peak-to-peak errors well below ± 20 µm.  
 

 
 

FIGURE 11 Tracking error (RMS value for every 
rotation) of the controller and the TPRRC 
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FIGURE 12 Tracking error of the controller and TPRRC 

at x = 10 (top row), 25 (middle row), and 50 (bottom 
row) mm 

 
 
CONCLUSIONS 
 
The control design problem for feedback, repetitive, and 
previewed feedforward control actions has been 
formulated in the LFT form and solved by µ-synthesis. 
In this way, the desired upper bounds of disturbance 
rejection and tracking error transfer functions, and the 
repetitive controller internal model, are explicitly 
included in the design process. Method to obtain the 
system dynamics and the uncertainty bound for 
electrohydraulic systems is also presented to facilitate 
µ-synthesis.  Controller order reduction is essential for 
the real-time implementation in order to reduce 
computational time and the effect of finite word length 
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truncation error. Experimental results on an 
electrohydraulic actuator have demonstrated the 
effectiveness of the design method and implementation 
technique. 

There are situations where the nonlinearity in the 
system is too significant to be treated as uncertainty.  
In this case, the nonlineariy may be modeled and 
compensate for by nonlinear feedback approach.  One 
such case occurs in dynamic material testing of 
nonlinear materials.  In [23] a back stepping nonlinear 
feedback with repetitive control was developed and 
successfully implemented on an electrohydraulic 
actuator loaded with a nonlinear test material to 
precisely generate periodic motions.  Another situation 
is that the system dynamics may change slightly due to 
hydraulic fluid temperature and trapped air content 
variations.  Although the robust feedback control is 
insensitive to such changes, the feedforward control is.  
Adaptive control [2, 6, 24] has been successfully to 
electrohydraulic systems to maintain precise dynamic 
tracking performance under such changes. 
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ABSTRACT 
 

In the coming advanced age society, an innovative technology to assist the activities of daily living of elderly and 
disabled people and the heavy work in nursing is desired. To develop such a technology, an actuator safe and friendly 
for human is required. It should be small, lightweight and has to provide a proper softness. We call such an actuator soft 
actuator. A pneumatic rubber artificial muscle is one of typical soft actuators, which is useful for the human assist 
technology. We have developed some types of pneumatic rubber artificial muscles and applied them to human friendly 
soft mechanisms and wearable power assist devices. Since these mechanism and devices directly act on the human body, 
the human friendliness is essentially important. A wearable power assist device is equipped to the human body to assist 
the muscular force, which supports activities of daily living, rehabilitation, heavy working, training and so on. 
In this paper, some types of rubber muscles developed and manufactured in our laboratory are introduced. A soft robot 
hand for wiping the human body and a parallel manipulator for the wrist rehabilitation are described as soft mechanisms. 
Further, a wearable power assist glove and a power assist splint for upper arm are shown. Some evaluations clarify the 
effectiveness of pneumatic soft actuator for an innovative human assist technology.    
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INTRODUCTION 
 

In the coming advanced age and few-birthrate society, 
there may not be enough working people in various 
fields such as medical welfare, agriculture and so on. 
Especially, the increase of elderly and the lack of 
caregiver will become a serious problem. To overcome 
the problem it is expected to introduce a machine or 

robot to assist the elderly, disabled people, caregiver, 
nurse, hard worker and so on. Such a human assist 
technology has become of major interest recently. The 
researchers in robotics and mechatronics have become 
interested in the relation between human and machine. 
Some types of human friendly robots have been 
exhibited in EXPO 2005 AICHI JAPAN. Since these 
kinds of machines or robots have to work near the 



human or directly act on the human body, both safety 
and friendliness for human are essentially important. 
To satisfy these requirements, an actuator safe and 
friendly for human is desired. It should be small, 
lightweight and has to provide a proper softness. As 
such an actuator we have remarked the availability of 
pneumatic soft actuator. A pneumatic rubber artificial 
muscle may be very useful as one of soft actuators.  
We have developed and manufactured some types of 
pneumatic rubber artificial muscles. Using these 
actuators, a pneumatic soft mechanism and a wearable 
power assist devices have been developed. As a 
pneumatic soft mechanism, a soft robot hand and a wrist 
rehabilitation device have been developed. A wearable 
power assist glove and a power assist splint for upper 
arm are developed.  
This paper firstly describes the structure and the 
fundamental characteristics of some developed 
pneumatic rubber artificial muscles. Next, the structure 
and the performance of soft mechanisms and wearable 
power assist devices are shown, of which the 
availability are evaluated through some experiments. 
 

 PNEUMATIC SOFT ACTUATOR 
 
A conventional pneumatic actuator such as a pneumatic 
cylinder is widely used for not only simple positioning, 
but also a force control, for example, clamping and so 
on because of its inherent compliance from the air 
compressibility. Since the body of conventional actuator 
is usually made of a rigid material, there is no flexibility 
in directions except movable axis of the actuator. 
On the contrary, we call an actuator soft actuator of 
which body is soft as well as the motion property. It has   
passive compliance in the all directions.  A pneumatic 
soft actuator is generally constructed with tube or 
balloon made of elastic material as rubber, driven with 
the pressure control. The fundamental operation 
depends on both expansion and contraction of elastic 
tube or balloon with the inner pressure control.  
Various motions can be obtained by changing the 
stiffness in the specified directions with a fiber and so 
on. Figure 1 shows a structure of fiber reinforcement 
type actuator. In Figure 1(a), a rubber tube is reinforced 
around the circumstance with fibers. When compressed 
air is supplied into the rubber tube, because the 
expansion in the radius direction is restricted with fibers, 
only the extension in the axial direction is obtained from 
the inner pressure increase. Figure 1(b) shows the fiber 
reinforcement of radius direction and axial direction 
with the angle α. The pressure increase makes the tube 
rotate around the axial center line. A McKibben type 
rubber artificial muscle is one of typical fiber 
reinforcement actuators.  
Figure 2 shows an example of pneumatic soft actuator 
made of silicone rubber [1]. This actuator can realize the 
rotary operation around the intersection of two side 

plates owing to the fiber reinforcement in the radial and 
height directions and the high stiffness produced by 
thickness of side plates.  
 

 
PNEUMATIC RUBBER ARTIFICIAL MUSCLE 

 
A McKibben type pneumatic rubber artificial muscle is 
well known. Now, a few companies manufacture 
commercially available one [2].  We have developed 
some new types of pneumatic rubber muscle in addition 
to the McKibben type [3].   
Contracted linear type     
Figure 3 shows a conventional McKibben type rubber 
muscle, which is manufactured by covering the 
surrounding of a rubber tube with fiber net. It may be 
called a contracted linear type. By pressurizing the 
rubber tube, the muscle generates the axial contraction 
force. We can manufacture the rubber muscle with an 
arbitrary size using commercially available rubber tube 
and polyester fiber net. Figure 4 shows the fundamental 
characteristics of the manufactured rubber muscle 
comprising a rubber tube with an outer diameter of 
11.6mm, an inner one of 8.0mm, and a length of 793mm 
when not pressurized. The contraction rate is saturated 
to about 25%. The saturated value depends on the cross 
angle of fibers. When pressurizing the rubber tube to 
600kPa, the contraction force reaches 340N. The 
performance is equivalent to the commercially products.  

 

 

 

 
Figure 2  Rotary type pneumatic soft actuator  

(a) Extended motion 

(b) Rotational motion 
Figure 1 Fiber reinforcement 



 
Extended linear type 
Figure 5 shows the structure of extended linear type 
rubber muscle. It consists of a rubber tube and a 
polyester fiber bellows. When the compressed air is 
supplied into the rubber tube, the muscle extends to the 
axial direction as shown in Figure 5(c). By decreasing 
the inner pressure, the muscle is made restitution as 
shown in Figure 5(b). The manufactured muscle is 
composed of a rubber tube with outer and inner 
diameter 8.4, 6[mm], and of a polyester bellows with 
outer and inner diameter 16, 13[mm]. The initial length 
of drive part is 40[mm]. 
Figure 6 shows the fundamental characteristics. Figure 
6(a) shows the relation between the inner pressure and 
the extended length. The maximum extended length is 
about 76[mm] at 500[kPa]. Figure 6(b) shows the 
restitution force of the muscle. The restitution force is 
measured when the supplied inner pressure is 0[kPa]. 
A contracted type (McKibben type) rubber muscle with 
the same size as the extended type muscle shown in 
Figure 5 is manufactured to compare both performances.  
The maximum restitution force of the extended type is 

smaller than the maximum contraction force of 
contracted type   (McKibben type), on the contrary, 
an extension rate of extended type is larger than the 
contraction rate of the McKibben type.  The extended 
type is better to achieve the large movable range than 
McKibben type. 
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Figure 3 McKibben type rubber muscle 
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(a) Structure 

 
(b) Initial state (0kPa) 

 
(c) Pressurized state (500kPa) 

Figure 5 Extended linear type muscle 
 

 

 

(a) Extended length 

 
(b) Restitution force 
 

Figure 6 Fundamental characteristics 
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Contracted curved type 
Figure 7 shows a contracted curved type pneumatic 
rubber muscle, which is constructed by reinforcing one 
side of a McKibben type rubber muscle with an elastic 
acrylic sheet. When the rubber tube is pressurized, only 
the top side is contracted by the effect of reinforcement 
of the bottom side. As a result, the upward curved 
motion can be realized as shown in Figure 7(b).  By 
increasing the stiffness of the elastic sheet, the recovery 
force increases but the generated curved force 
decreases.  
Figure 8 shows a fundamental characteristic of 
manufactured rubber muscle composed of parallel two 
rubber tubes with outer and inner diameters of 
11.6[mm] and 8.0[mm], respectively. When the muscle 
is pressurized 500[kPa], the curved angle reaches 126 
[degree], the maximum curved force of 78[N] can be 
generated. 

 
Extended curved type 
Figure 9 shows an extended curved type rubber muscle 
consisting of a rubber tube with outer and inner 
diameters of 8.4, 6[mm], and a polyester bellows with 
the outer and inner diameters of 16, 13[mm]. To inhibit 
the extension to the axial direction of bottom side, the 
polyester fiber bellows is reinforced with a fiber tape. 
Three muscles with the length of 140, 120 and 80[mm] 
are manufactured. By the reinforcement, when  

 
compressed pressure air is supplied into the rubber 
muscle, the rubber muscle can curve to the reinforced 
side as shown in Figure 9(c). Figure 10 shows the 
measured fundamental characteristics of three rubber 
muscles. The generated force is almost independent of 
the length of muscle.  The generated force for the 
supply pressure of 500[kPa] is about 23[N], and the 
relation between the force and the pressure is almost 
linear above the inner pressure of 150[kPa]. 

 

 

(a) Operational principle 

(b) Curved configuration 
Figure 7 Contracted curved type muscle  
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Figure 8 Fundamental characteristics 

 
(a) Structure 

(b) Configuration 

 
(c) Curved motion 

Figure 9 Extended curved type muscle 



 
HUMAN FRIENDLY SOFT MECHANISM 

 
The development of machines or robots to assist a 
human activity in nursing, welfare and daily living has 
recently become an important subject. Such machines or 
robots are required safety, friendliness for human and 
soft motion similar to human rather than conventional 
high speed and high accuracy performance. In order to 
realize such a human friendliness, it is effective to use 
an inherent soft mechanism. We call it human friendly 
soft mechanism of which some examples are described. 
Soft robot hand  
Figure 11 shows a soft hand consisting of soft fingers 
and the contracted linear type rubber muscles as shown 
in Figure 3 [4]. The mass of hand is 900[g]. The length 
is 185[mm]. The soft finger has three joints as shown in 
Figure 12. A rotary-type pneumatic soft actuator similar 
to Figure 1 is put at intervals of 25[mm]. The 
disposition of linear type muscles is decided by 
referring the human muscles. This hand can operate 
almost same as a human hand. Pressurizing the 
rotary-type actuator, the finger bends. The linear type 
rubber muscles drive the wrist of hand.  
 
  

 
Because the pneumatic soft actuator expands or 
contracts by itself being different from a conventional 
hard actuator, mechanical components such as bearing 
and joint is not required. By mounting a pneumatic soft 
actuator directly at joint, the mechanism can become 

simple and small. Also, since the hand is driven with 
only pneumatic power, it can operate under water 
without waterproofing. 
 

 
Figure 13 shows an application of the hand to a wipe 
motion for human arm. The soft hand is moved forth 
and back on the human arm in the direction of the 
human arm length with a speed of 10[mm/s].  A soft 
tactile sensor shown in Figure 14 is attached to the end 
of each finger to detect the contact force. The sensor is 
made of a cylindrical silicone rubber with an outer 
diameter of 16[mm], an inner diameter of 15[mm]. 
When the external force is applied to the upper plate, 
the inner pressure of sensor is increased according to the 
compression of cylindrical silicone rubber chamber.  
Tactile information is detected by measuring the inner 
pressure change with a pressure sensor. In the wipe 
motion of Figure 13, the contact force is feedback 
controlled with this sensor for the desired force of 
1.5[N]. The accurate force control can be achieved. 

 

 
Figure 13 Wipe motion with soft hand 

 Figure 10 Fundamental characteristics 

Figure 11 Soft robot hand 

 
(a) Initial state      (b) Pressurized state 
        Figure 12 Soft finger 

Figure 14 Soft tactile sensor  
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Parallel manipulator 
Since joints of human have multiple degrees of freedom, 
a rehabilitation machine for these joints is desired to 
provide multiple degrees of freedom. Further, it must be 
built with a human friendly soft mechanism. To satisfy 
both requirements, we have proposed to use a 
pneumatic parallel manipulator as a rehabilitation 
machine [5]. 
Figure 15(a) shows the pneumatic parallel manipulator 
for a wrist rehabilitation exercise. Six pneumatic 
cylinders are used as driving actuators to construct 
Stewart type platform. Figure 15(b) shows a view of 
operation.  A patient put his/her forearm above the 
upper platform along the x axis of manipulator and 
trains rehabilitation exercises by holding a bar attached 
to a 6-axes force/moment sensor equipped on the upper 
platform. A low friction type pneumatic cylinder with 
inner diameter of 9.3[mm], stroke of 100[mm] are used. 
The pressure in each cylinder and the displacement of 
piston are used for a feedback control. The controller 
generates control signals to drive control valves. 
 
 

 

The controller is constituted with an impedance control 
scheme using a disturbance observer. The impedance 
control is executed based on the measured 
force/moment applied by the patient. This study has 
shown that some typical exercise of isometric, isotonic, 
passive isokinetic and active isokinetic can be achieved 
by only adjusting the desired impedance parameters of 
stiffness and damping.  A practical examination is next 
research subject to evaluate the availability of this 
rehabilitation machine.  

 
WEARABLE POWER ASSIST DEVICE 

 
It must be an earnest hope for the old aged or disable 
people to perform daily living activities as many as 
possible by themselves without the support of others. 
Further, their positive participant to the society is 
desired. It is also an important subject to relieve the 
physical burden of the care person. We have developed 
a wearable power assist device to cope with the above 
situation. A human wears the device. It supports various 
motions of the human by assisting the muscle power.  
This device has to be a human friendly mechanism, 
which can be constructed with a pneumatic soft actuator.  
In Japan, some wearable power assist devices driven 
with pneumatic actuators have been developed. A power 
assisting suit by Yamamoto et al. is a pioneer study, 
driven with direct drive pneumatic actuators combining 
micro air pumps and pressure cuffs [6]. Kobayashi et al. 
have developed a muscle suit assisting a shoulder 
motion driven with McKibben type rubber muscles [7]. 
Tsukakoshi et al. have developed a new type pneumatic 
soft actuator named wound tube actuator and proposed 
a power assist device driven with this actuator for the 
limb motions [8].  
We also have developed some types of wearable power 
assist devices driven with a different type of pneumatic 
soft actuator mentioned above.         
Fundamental concept 
Our fundamental concept in the development of a 
wearable power assist device is to use the most suitable 
type actuator for each part of human in order to make 
the structure as simple as possible.  
Figure 16 shows a power assist device for elbow driven 
with a contracted curved type pneumatic rubber muscle 
shown in Figure 7. The rubber muscle is attached to the 
elbow through a supporter. The assist force can be 
controlled by adjusting the inner pressure of rubber 
muscle. Figure 17 shows a bending angles and an 
electromyogram (ENG) at biceps muscle of upper arm 
when the human bends an elbow holding a load mass of 
2[kg] at the hand. The figure illustrates the effect of 
power assist. When the assist device works, the 
variation of electromyogram (CH2) is smaller than the 
case without power assist. The human can bend the 
elbow without own muscle power due to the power 
assist. The effect of power assist device is apparent. 

 

(a) Pneumatic parallel manipulator  

(b) Wrist rehabilitation 
Figure 15 Pneumatic rehabilitation device 

 



 
Figure 18 shows another example of a power assist 
device for shoulder part consisting of three McKibben 
type pneumatic rubber muscles. It assists a flexion of 
upper arm using two rubber muscles with length of 
562[mm] and 793[mm] of which characteristics are 
shown in Figure 4. The adduction is assisted using the   
muscle with 408[mm] length.  
The power assist devices shown in Figure 16 and 18 are 
plot types of our research aimed as simple, lightweight 
and human friendly as possible wearable power assist 
device. Two examples are still primitive but available as 
a simple and easy power assist device.   
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
POWER ASSIST GLOVE 

 
We have developed a power assist glove for supporting 
activities of daily living, rehabilitation and various 
heavy tasks [9].   
Figure 19 shows the structure and the outlook of 
developed power assist glove. It consists of the 
extended curved type pneumatic rubber muscles put on 
the backside of fingers, and the extended linear type 
muscles put on a root of thumb. When the human hand 
grasps the cylindrical bar with diameter 60[mm], the 
contact force at the finger tip is about 14 ~20[N]．Figure 
10 shows that the enough generated force can be 
obtained from the glove. 
 

 
Figure 20 shows the various finger works possible with 
the glove. The movable range of the proposed power 
assist glove is enough for the required various finger 
works in the daily living. A proposed wearable power 
assist glove can be easily manufactured by attaching the 
pneumatic rubber muscles to a usual glove. The 
manufactured power assist glove is available to support 
the finger works required in daily living. Rehabilitation 
and various training may be additional effective 
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Figure 16 Power assist for elbow 

Figure 17 Effect of power assist 

   
 
     With assist           Without assist 

 

(a) Structure 

   (b) Manufactured assist glove 
 Figure 19 Power assist glove 

 

 
Figure 18 Power assist for shoulder 



applications of this glove. 

 
POWER ASSIST SPLINT FOR UPPER ARM 
 

In the design of a wearable power assist device, a 
mechanical interface to transmit the generated force by 
actuator to the human body is important. Ideally the 
interface made of soft material such as supporter, band 
and glove shown in Figure 16, 18 and 19are desired for 
the comfortable equipment. However, where the large 
assist force is required, the combination with a suitable 
orthosis is considerable. 
Structure 
Figure 21shows the outlook and structure of the 
developed power assist splint, constructed with an 
orthosis made by forming a plastic used as a mechanical 
interface between actuators and human body. It assists 
the bending motions of wrist and elbow. Mechanical 
joints are equipped on both sides to restrict its movable 
range to the smaller than average maximum bending 
angles of Japanese male [10].  
Actuator 
A kind of extended curved type rubber muscle shown in 
Figure 9 is used as an actuator. A pair of the rubber 
muscles is attached to the wrist and elbow, respectively. 
Figure 22 shows the structure of rubber muscle 
manufactured for the elbow. It consists of a rubber tube 
and a polyester bellows. The outer and inner diameters 
are 20[mm] and 14[mm], the length is 290[mm]. The 
outer diameter of polyester bellows is 40[mm]. The 
bellows is reinforced with a fiber along the axial 

direction as shown in the figure. Owing to the 

 
 

 
reinforcement, when the compressed air is supplied into 
the actuator, only the other of reinforced side extends in 
the axial direction and produces a bending motion as 
shown in Figure 23. 
Figure 24 shows the fundamental characteristics of 
actuator. The generated torque is measured for the 
constant inner pressure of 500[kPa]. It is confirmed that 
the generated torque is enough to keep the human 
forearm and palm having a load of about 4[kg] 

 

 

(a) Tip pinch            (b) Side pinch 

(c) Power grip         (d) Cylindrical grip  

 (e) Spherical grip         (f) Hook grip 
Figure 20 Various finger works with glove 

(a) Outlook 
 

 
(b) Structure 

Figure 21 Power assist splint 

Figure 22 Structure of muscle for splint 



horizontally.  

 
Effect of power assist 
In order to verify the effect of power assist, a subject 
wearing the device bends his forearm repeatedly having 
a load of 3[kg] during 600[s]. The period of bending 
operation is 4[s]. Figure 25 shows the experimental 
results of bending angles and EMG. The difference of 
EMG owing to the existence of power assist confirms 
the effect of power assist.  Further, when the power 
assist device doesn’t work, the larger fatigue of muscle 
appears in the extension than the bending of forearm. 
When the device works, the fatigue of muscle is not 
recognized. The developed power assist splint is 
effective to assist the muscle power and to decrease the 
fatigue of muscle. 
 
             CONCLUSIONS 
 
A human assist technology is essential in the highly 
aged society. A pneumatic power is effective to develop 

the human assist technology due to its inherent  

 
 
flexibility and human friendliness. A pneumatic soft 
actuator is applicable to construct various human assist 
devices. A pneumatic rubber artificial muscle is the 
typical pneumatic soft actuator. In this paper, four types 
of rubber muscles developed and manufactured in our 
laboratory are introduced. These muscles are available 
to constitute a human friendly soft mechanism and a 
wearable power assist device. The power assist device 
with a simple structure can be designed by using the 
suitable type of rubber muscle according to the property 
of assisted part of human body. 
We have continued to establish a human assist 
technology based on soft mechanism, wearable power 
assist device and so on.  A pneumatic power can be 
effectively used in this field.  The collaboration among 
related technologies is expected for the innovation of 
fluid power technology.  
 
A part of the research shown in this paper has been 
supported by Grant-in Aid for Scientific Research, 
Scientific Research (B) 16360124 and Scientific 
Research in Priority Areas 16078210, Japan.       
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INTRODUCTION 
 
The field of fluid power components and systems is 
characterized by a continuous evolution, intended to 
improve functionality, to reduce constructional effort 
and thus costs. In many cases, these improvements are 
due to advances in related technologies, such as 
electrics, electronics, computer science, control 
technology, or material sciences. 
During the decades in which fluid power has been used, 
completely new ideas and innovations have appeared 
every now and then that seemed capable of 
accomplishing certain tasks in a better way. Any 
innovative new design must not only fulfil a particular 
task, it must do it at a better price than extant 
technology, or else it must offer additional functionality 
in order to justify higher prices. 
After mentioning some flops in the history of Fluid 
Power this paper shall chart the reception that some new 
ideas and develpment have received. Examples treated 
here are: 
 

• Secondary control 
• Free piston motor and hydrotransformer 
• Valve actuation 
• Noise reduction 
• Bus technology 
• Fuel cell 

 
Of course there are some more important new 
developments in Fluid Power, for instance 

Servopneumatics or Functional Fluids (ERF, EMF or 
ECF). But not all of them could be treated. 
 

FLOPS IN THE HISTORY OF FLUID POWER 
 
There are periods in the evolution of fluid power during 
which an effect will suggest itself for tackling particular 
tasks. Once other technical means allowing those tasks 
to be accomplished in a superior manner appear, the 
effect will soon be forgotten. One example to be 
mentioned is fluidics. 
In the 1960s and early 1970s, Fluidics appeared, an 
approach realizing binary switching functions or steady 
control functions through the mere interaction of air jets, 
without any moving parts. [1] [2] 
Figure 1 shows some effects utilized for this purpose: 
the Coanda-effect, the disturbance of a laminar jet, or 
the vortex-chamber effect. At that stage, whilst 
transistor technology still was in its infancy, one was of 
the opinion that the packing density of pneumatic logic 
elements could exceed that of transistor circuits. 
However, soon the trend towards miniaturizing 
electronic components started, which continues to the 
present day and which has led to incredibly high 
packing densities. 
One of the main disadvantages of fluidies was the low 
signal propagation speed. Although considerable 
investments were made into this technology, hardly any 
remnants are to be found today. Another idea that didn’t 
gain acceptance in practice was the ‘‘Alternating Flow 
Hydraulics’’ (AFH). 
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That was the attempt to make fluid power mirror the 
shift from direct-current to alternating-current energy 
transmission that took place in the electrics. 
 

 
 

Figure 1:  Fluidic elements 
 

SECONDARY CONTROL 
 
In the late 1970s and early 1980s, two institutions 
(Rexroth and IHP, now IFAS) independently developed 
the so-called secondary control. [6] [7] It occupied the 
hitherto-empty field (IV) in the methodology 
classification scheme for the control of fluid power 
energy (Fig. 2). It represents a displacement control 
with impressed pressure. 
 

 
 

Figure 2:  Methods of controlling hydraulic power 
 
As Fig. 3 shows, an internal control loop is required for 
the various control tasks such as speed-, position- or 
torque-control, which ensures that the motor is stroked 

back under decreasing load, to prevent it from picking 
up unlimited high speeds. 
 

 
 

Figure 3:  Secondary controlled displacement unit at a 
net of impressed pressure, (Source: Kordak, Rexroth) 

 
Figure 4 lists the characteristics of displacement 
controls with variable pump and impressed volume flow 
and of displacement controls with impressed pressure: 
 

 
 

Figure 4:  Characteristics of drives with displacement 
control 

 
Based upon this comparison in fig. 4, one might assume 
that both systems are equally likely to be used. Yet the 
variable motor attached to the constant pressure net has 
a number of drawbacks limiting its applicability. 

• It is not suitable for the direct control of 
cylinder drives, because a variable displacement 
motor is required (variable cylinder drives are 
still waiting for a brilliant inventor). 

• For drives that frequently stand still or are 
charged only with low torques, more leakage oil 
occurs than would be the case with the 
hydrostatic transmission. In the latter, the 
pressure drops whenever it is idling, and little 
leakage occurs. 

• Furthermore, an internal control of the 
displacement volume is required in every case. 

  



This is not the case with pump control 
(impressed volume flow). 

One typical application, in which the constructional 
effort can be considerably reduced, is the bucket-wheel 
excavator, which often runs with high loads over a long 
period. 
An interesting new application is the Flap Power 
Control Unit of the Airbus A 380. This unit, 
schematically depicted in Fig. 5, actuates the plane’s 
flaps within a closed position-control circuit by means 
of 2 variable motors and a planetary transmission, via 
shafts and gears. With a supply pressure of 5000 psi, the 
all-in weight of the unit is approx. 58 kg, including the 
planetary transmission and the safety brakes. Through 
the use of variable motors in secondary control 
(VDHM), the efficiency could be increased by approx. 
30 % over the valve control of constant motors (FDHM). 
 

 
 

Figure 5:  Flap power control unit, Airbus A 380, 
(Source: Liebherr) 

 
FREE PISTON MOTOR AND 

HYDROTRANSFORMER 
 
In mobile machinery, the diesel engine serves as the 
primary energy source, powering rotating pumps for the 
wheel drive and the working hydraulics. Early on, the 
idea was mooted to transform the energy of the 
combustion engine’s piston into hydraulic energy by 
means of a linear motion, without any rotating parts. 
Such a free piston engine might be used to feed a 
constant pressure net required for the secondary control 
with variable motors. Several institutions are currently 
engaged upon developing different concepts for free 
piston motors, shown in Fig. 6. As the free piston motor 
only conducts a single displacement stroke per working 
stroke, the irregular volume flow that it delivers has to 
be smoothed by means of accumulators on the pressure- 
and suction side, as shown in Fig. 7 for the twin-piston 

motor. That motor oscillates with the system’s natural 
frequency. [8] 
 

 
 

Figure 6:  Concepts of free piston engines, 
(Source: Tikkanen, Vilenius) 

 

 
 

Figure 7:  Schematic drawing of a dual hydraulic free 
piston engine unit, (Source: Seppo Tikkanen) 

 
As already mentioned, it is impossible in secondary 
control to generate longitudinal motion via pistons and 
cylinders, because one requires a variable displacement 
unit. If energy for the actuation of cylinders is extracted 
from the constant pressure net through valves, high 
throttle losses occur within the valves. 
Even during the development of the secondary control, 
the idea of a hydrotransfomer enabling the extraction of 
a controlled oil flow from the pressure net without 
incurring large valve losses was pursued.  
Such a hydrotransformer consists in two coupled 
displacement units, of which at least one is variable and 
speed-controlled. Figure 8 shows such a conventional 
hydrotransformer. The company INNAS [9] succeeded 
at integrating the functionality of a hydrotransfomer into 
a single displacement unit. A prototype of that 
transformer is shown on the left-hand side in Figure 9. 

  



The transformer is adjusted by turning the port plate, 
which in this case has three rather than two control 
kidneys. 
 

 
 

Figure 8:  Hydraulic transformer with bentaxis  
displacement units (Source: Mannesmann-Rexroth) 

 

 
 
Figure 9:  Prototype of a hydraulic transformer (Source: 

INNAS) 
 
The key problem associated with these new 
transformers, i.e., the fact that the piston must be 
commutated during the stroke movement, appears to 
have been solved through the shuttle-principle. While 
the piston is commutates, a shuttle piston accommodates 
the compression oil, as shown in Fig. 9 on the right. 
Figure 10 shows what the drive of a lift truck with a free 
piston engine might look like. Both the wheel drive and 
the working hydraulics are controlled by means of 
hydrotransformers. [10] 
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Figure 10:  Drive of a lift truck with free piston engine and hydraulic transformer, (Source: Peter von Achten, INNAS) 

 
 
It is not easy to predict whether this type of energy 
generation by means of a free piston motor will ever 
establish itself against the strong competition 
represented by the established volume flow generation 
through rotating displacement units. The most likely 
application scenario would be in mobile applications, 
because this energy source is reputed to be far more 
lightweight than the diesel engine with variable pump. 
However, switching to this new method of energy 
generation involves a far-reaching economic decision, 
because one cannot fall back upon proven designs. 
 

VALVE ACTUATION 
 
Whereas one had to work with unsteady valves actuated 
by switching solenoids in the early days, the 1960s saw 
the rise of the proportional solenoid. As shown in Fig. 
11, in a proportional solenoid, the force generated 
remains constant over the stroke and proportional to the 
coil current within a certain range. If the proportional 
solenoid works against a spring, one achieves linearity 
between current and stroke. The proportional solenoid 
has been refined over the decades, such that the static 
and dynamic behaviour of proportional valves nearly 
matches that of servo valves. [11] 

  



 

 
 

Figure 11:  Valve actuators – solenoids 
 
The proportional solenoid’s shortcoming is that it can 
only generate forces in a single direction, so that a 
spring has to take care of the reverse movement. Hence, 
the failsafe position must be identical with the end 
position of the spring actuation, which can cause circuit 
design problems. Actuation becomes much more 
complex with a bipolar reverse-acting solenoid capable 
of exerting force in both directions, as shown on the 
right-hand side in Fig. 11. However, owing to the 
additional constructional effort required, that variant has 
not generally succeeded in the marketplace. 
The moving-coil principle was first used in Germany for 
steady controls (Fig. 12, left). In the 1950s, the so-called 
moving coil controller (AEG Tauchspulenregler) was 
popular, predominantly in heavy-duty machinery, where 
the piloted version was most frequently used. [12] 
 

 
 

Figure 12:  Moving coil design, (Source: Parker 
Hannifin) 

 
In its new valve DFplus, the Parker company has 
revived the moving coil principle. As the right-hand 
side of Fig. 12 shows, the valve spool is directly 
actuated by the moving coil, which is wound around a 
thin-walled plastic pipe moving within the magnetic 
field of a strong, rod-shaped permanent magnet. 
Integrated into the valve is an inductive spool position 
feedback serving the valve spool’s position control. If 

the actuation should fail, the valve is moved to the fail-
safe position in the middle by weak spring, (left side).  
As evinced by the table in Fig 13., the moving coil can 
generate much larger forces than the proportional 
solenoid. In the open loop with an 100 % - signal at 250 
Hz, a stroke of 0.2 mm was attained. The moving coil is 
more than twice as fast as the proportional solenoid. 
However, its power consumption is twice as high. 
 

 
 

Figure 13:  Comparison: proportional solenoid vs. 
moving coil, 

(Source: Parker Hannifin & Magnet-Schultz 
Memmingen) 

 
A further advantage is shown in Fig. 14. Within the 
closed position control, the moving coil can exert such 
high forces that it is able to counteract the flow forces 
up to a pressure difference of 350 bar at the valve. By 
contrast, the pressure difference at a proportional valve 
is limited, because the flow forces close the valve 
against the actuation force as pressure differences rise. 
 

 
 

Figure 14:  Application limits, (Source: Parker 
Hannifin) 

 
One drawback of the new type of valve actuation shown 
in Fig. 13 is the weight, which is approximately five 
times as high as that of the proportional magnet. This 
will be primarily due to the heavier permanent magnet, 
which is, however, firmly attached to the valve housing. 
The moved masses are very low. This valve is at a 
disadvantage in applications where low valve weight 
and small volume are necessary. Its good static and 
dynamic behaviour may help find it wider usage 
elsewhere. 

 

  



NOISE REDUCTION THROUGH PRE-
COMPRESSION VOLUME 

 
For many years, measures intended to reduce the noise 
emissions of piston pumps centred upon a soft pressure 
commutation, so as not to excite the pump’s structure 
into emitting structure-borne noise. Towards that end, 
the port plate was equipped with a combination of pre-
compression and suitable commutation bores or notches. 
However, these measures were only effective within a 
limited operating range in terms of pressure level, speed, 
and displacement volume. 
In 1992, first reports concerning research conducted at 
the University of Linköping, Sweden (Professor 
Palmberg) appeared, which intended to reduce volume 
flow pulsations using a pre-compression capacity (pre-
compression chamber). [14] These volume flow 
pulsations lead to pressure pulsations which excite 
attached components and systems into radiating noise. 
The idea is sketched in Fig. 15. 
During the commutation phase of Piston 1 the piston 
volume is closed to the suction kidney and not opened 
to the pressure kidney. During the time ∆  the piston 
volume is fed from the pre-compression chamber which 
is charged with high pressure. As the compression oil is 
not with drawn from the delivered volume flow the flow 
pulsations are reduced. 

t

When the piston volume (1) opens to the high pressure 
kidney the pre-compression chamber is filled again 
through a wider orifice 01 from the high pressure kidney 
over a longer period. 
Through a very narrow orifice 02 the pre-compression 
chamber can be additionally filled from the high 
pressure side constantly. 
 

 
 

Figure 15:  Pulsation reduction by pre-compression 
chamber 

 

Some years passed before – encouraged by work done 
at IFAS (dissertation M. Jarchow 1997) – this operating 
principle was used in a production pump. [15] The left-
hand side of Fig. 16 schematically depicts the 
arrangement of the Linde company’s pre-compression 
volume, which is continuously fed from the high-
pressure side as well as from the charged piston volume. 
The pre-compression volume principle was then 
adopted by two further major manufacturers of axial 
piston pumps. Figure 16, right-hand side, shows the pre-
compression volume arrangement of the company 
Parker. Through this measure, reductions in pressure 
pulsations of between approximately 40-60 % are 
attained in practice. Moreover, that reduction is far less 
dependent on the operational parameters pressure, speed, 
and displacement volume than was the case with 
previous compensation methods. [16] [17] 
 

 
 
Figure 16:  Arrangement of pre-compression chambers 

 
Figure 17 shows pulsation measurements conducted by 
the Rexroth company at a pump in an open circuit. 
Integrated into a complete system, the lower pressure 
pulsations can lead to a reduction in system noise of 
between approx. 3 to 5 dB (A). 
 

 
 
Figure 17:  Pressure pulsation of an axial piston pump, 

(Source: Rexroth) 
 

  



The constructional effort required for this pre-
compression volume, which can be cast into the cover, 
is relatively low. The only disadvantage registered is the 
somewhat steeper pressure gradient during commutation, 
which leads to a slight increase in the pump’s primary 
structure-borne noise. 
In summary, the pre-compression volume is a 
development with little extra constructional effort and 
significant advantages to be achieved. It has led to a 
major decrease in the noise levels emitted by mobile 
machinery, for example. Hence, this idea quickly met 
with wide acceptance. 
 

BUS TECHNOLOGY 
 
The evolution of electronic control technology and the 
availability of affordable microcontrollers has enabled a 
new type of control circuitry. 
Figure 18 illustrates the evolution from the parallel 
wiring of fluid power components to the field bus 
concept. Instead of laying some wires from the control 
electronics to each valve, which results in complex 
controls and thick wiring harnesses, the bus system 
relies upon a single signal line, which connects each 
valve or valve island in series. A processor on each 
valve island extracts the relevant information for each 
valve from the serial instruction set. These processors 
may contain decentralized intelligence, inasmuch as 
they can execute control tasks, e. g., for valves, variable 
pumps, or linear axis-drives. Often, the processor for the 
intended control tasks is integrated into the valve. For 
pneumatic valve islands, programmable sequence 
controls may be installed decentrally. The decentralized 
processors are remote-controlled via the bus by the 
superordinate control. 
 

 
 

Figure 18:  Development from the parallel wired 
harness to fieldbus-concept 

 
Figure 19 shows the CAN-bus-control of a mobile 
working machinery. The bus transports the reference 
variables for the axis drives and for variable-pump 
control with short cyclical intervals (1-2 ms). Moreover, 
sensor output is transmitted onto a status- and diagnosis-
terminal. In this manner, the machine operator is 
constantly kept informed on all ongoing machine 
functions. [18] 

 

 
 

Figure 19:  CAN-Bus for mobile hydraulics 
 
In addition, acyclically and with longer reaction 
intervals (10 to 100 ms), condition-monitoring 
information is transmitted, which allows for the 
machine’s condition to be diagnosed. Those data greatly 
simplify the maintenance and repair of complex drive 
systems. The drive manufacturer can even remotely 
diagnose the drive by logging on to the control 
computer. 
Some exemplary advantages of bus technology would 
include: [20] 

• smaller wiring harness and reduced wiring 
effort 

• transparency of controls in planning machines 
and plants 

• unproblematic system expandability 
• interchangeability of standardized bus 

components 
• comprehensive information available for 

diagnostic purposes 
• quick setting of parameters for component 

functions 
• enhanced user benefit through the integration of 

functions into components 
• reduced incidence of malfunctions during start-

up 
Particularly for complex machine- and plant controls, 
the aforementioned economic and functional benefits far 
outweigh any other considerations. Accordingly, bus 
technology is fully accepted in that area and continues 
to gain ground vis-à-vis the conventional wiring 
technique. 
 

  



FUEL CELL 

 

 
The fuel cell represents a primary energy source that 
might alter the competitive situation in favour of 
electrical drives. In a PEM-technology (polymer-
electrolyte membrane) fuel cell, the chemical energy of 
a gas (H2) or fuel (methanol) is directly transformed, 
without combustion (by means of an ion-conducting 
membrane between anode and cathode), into electrical 
energy. 
It is estimated that fuel cell technology will have 
matured within between one to two decades. [21] 
At present, the competitive situation between electrics 
and fluid power in regard to the supply of primary 
energy for stationary and mobile applications is as 
shown in Fig. 20. For stationary applications, electrical 
power offers the advantage of allowing direct access to 
the primary energy source, via the electrical grid and a 
wall socket. By contrast, fluid power first has to create a 
pressure net with an electric motor and a pump, which 
entails greater expenditure for stationary application.. It 
takes specific requirements for fluid power to be utilized 
in spite of this comparatively higher cost: forming 
machines, for example, demand very high forces, for the 
generation of which fluid power is most suitable. 

 
Figure 21:  Competitive scenario after the introduction 

of the fuel cell 
 
As Fig. 21 shows, this competitive scenario, particularly 
in mobile applications, might change in some decades. 
The fuel cell integrates the primary energy source 
(hitherto the diesel engine) and the generator into a 
single unit. Of course, this presupposes that it will 
become possible to develop sufficiently robust and 
powerful fuel cells offering a high power density at a 
low price.  
What impact might such a development have on fluid 
power? 

 

The competitive framework for stationary applications 
would remain unchanged, because it doesn’t matter 
whether the primary energy is extracted from the power 
grid or from a fuel cell. However, the conditions for 
mobile applications would change: electric motors could 
be fed directly from the fuel cell, without the need for a 
diesel engine and a generator, whereas fluid power 
would still require a hydraulic pressure net to be built up, 
entailing comparatively greater expenditure. 
Notwithstanding the aforementioned advantage of 
electrical power transmission, it is to be assumed that 
the working movements of mobile machinery will 
continue to be implemented using fluid power 
technology. Concerning translatory and swivelling 
motions, one major advantage is the easy transmission 
and distribution of hydraulic energy amongst several 
consumers through affordable cylinder drives. 
Furthermore, the force- and energy density of these 
drives is much higher than that of electromechanical 
drives with ball-thread drives or linear motors. 

 
Figure 20:  Present-day competitive situation: electric 

versus hydraulic 
 
The situation is different in mobile applications. There, 
electrics and fluid power are on a level playing field. 
The primary energy source – most commonly a diesel 
engine – powers a generator or a pump to convert the 
mechanical energy into electric or hydraulic energy. 
Owing to its inherent advantages, particularly the higher 
power density, fluid power is the preferred choice for 
mobile applications today. 

And what about rotatory movement, e. g., for the wheel 
drive? Whenever high power output is required from the 
electric motor, it has to run at high speeds. Thus, in 
order to generate the necessary low speeds with high 
torque at the wheels, speed transformers are required, 
for which purpose the proven hydrostatic transmission 
suggests itself. Applications most likely to migrate 
towards the electric drive are those in which the wheel  

  



rotation merely serves to move the vehicle – as, for 
example, in a lift truck. 

[2]  Töpfer, H. Tendenzen in der pneumatischen 
Signalverarbeitung. Pneumatische Digitaltechnik. 
G.E.C.-Elliott Automation GmbH, Solingen, 1974. The fuel cell is a novel development, and its impact 

upon fluid power drive technology cannot yet be fully 
assessed. Nor can one predict whether fuel-cell 
technology is suitable for the rough operational 
environment of mobile working machinery. It is clear, 
however, that fluid power requires sustained further 
development in order to keep pace with 
electromechanics. 

 
[3]  Festschrift zum 25-jährigen Firmenjubiläum 
UFT Umwelt unf Fluid-Technik Dr. H. Brombach 
GmbH. 
 
[4]  Constantinesco, G. A treatise on the transmission 
of power by vibration. Theory of Sonics. 

  
CONCLUDING REMARKS [5]  Henke, Russ. Some practical possibilities of 

alternating flow hydraulics. Fluid Power International, 
February 1966. 

 
Whether or not a novel idea will meet with wide 
acceptance in the field of fluid power depends upon a 
multitude of criteria. The overall technical and 
economic advantages of a fresh solution outweighing its 
shortcomings is the crucial determinant deciding 
whether it will be successfully applied within a 
particular area or whether it will be forgotten. Citing a 
number of examples, the likely prospects of some 
relatively recent ideas were discussed. 

 
[6]  Kordak, R. Hydraulische Antriebe mit 
Sekundärregelung. Buchreihe Der Hydraulik-Trainer, 
Mannesmann-Rexroth GmbH. 
 
[7]  Murrenhoff, H. Regelung von verstellbaren 
Verdrängereinheiten am Konstant-Drucknetz. PhD 
thesis. RWTH Aachen, 1983. 

  
[8]  Tikkanen, S. Evolution of engine-hydraulic free 
piston engine. PhD thesis. Tampere University of 
Technology, 2000. 

 

 
[9]  Van Achten, P. A. et. al. Dedicated design of the 
hydraulic transformer. 3rd International Fluid Power 
Conference, Aachen, Germany, 2002. 
 
[10] Vael, G. M. & Van Achten, P. A. The Innas fork 
lift truck working under constant pressure. 1 
Internationales Fluidtechnisches Kolloquium, Aachen, 
Germany, 1998. 

 
Figure 22:  Summary 

  
[11] Weigle, D. Bestandsaufnahme und 
Entwicklungstendenzen der Proportional-Hydraulik. 
Ölhydraulik und Pneumatik, Vol. 12, 1983. 

From Fig. 22 we see that not all of the treated new ideas 
were successful and gained acceptance in practice: 
 

 • Some are fully accepted as the Pre-Compression 
Chamber and the Bus Technology. [12] Scheibe, E. Die Lösung von Regelungsaufgaben 

mit Hilfe elektrohydraulischer Bauelemente. Haus der 
Technik – Vortragsveröffentlichungen: ‘Ölhydraulik’, 
30 March 1966. 

• Some gained acceptance only for special 
Applications as the Secondary Control and the 
New Valve Actuation. 

 • And for some the acceptance is difficult to 
assess. That is true for the Free Piston Engine 
and the Fuel Cell. 

[13] Kolvenbach, H-G. Ausweg aus dem Dilemma. 
Fluid, July 2004. 
  
[14] Petterson, M., Weddfield, K., Palmberg, J. O. 
Reduction of flow ripple from fluid power machines by 
means of a precompression filter volume. 10th Aachener 
Fluidtechnisches Kolloquium, Vol. 2, 1992. 

The future will tell whether they become successful. 
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ABSTRACT 

 
In the paper ,I introduce the main recent research of the fluid power at Yanshan University. Including heavy 

machinery electrohydraulic servo-control system, pipe dynamic property , control strategy and intelligent fault 
diagnosis prediction  Study on hydraulic components and application, Research on the complicated flow, The 
mechanics quantity detection and control technique. 
 
Key words, control system, hydraulic components, flow power. 
 
Brief Introduction for the research projects 
1、Major direction in researches 

 The research for the heavy machinery 
electrohydraulic servo-control system 
We had an advanced breakthrough in strip thickness 

and shape control, thus we got independent of the 
imported finishing mill group technology. In 1992, we 
applied the fruits of researches on strip thickness to the 
400HC rolling mill rebuilding of Harbin coppering steel 
strip company. Hence our country yielded precise steel 
strip by using our domestic technology and equipment 
for the first time.  

 
Figure.1 The rolling mill 

During the researching and the developing of 
IGC650HCW precise cold belt rolling mill equipment 

sets, we initially realized the integration of the internal 
gorge Control ( IGC) and the working-roll axial 
movement ( HCW). The±2um plating thickness control 
accuracy and the stable working situation enabled this 
technology to be the most advanced development among 
cold rolling control techniques. The Southwest Precision 
Strip Company built by this equipment sets has 
developed to be one of the ten key enterprise in XiChang 
of Panzhihua. In April,1997, the specialists of the 
national mechanics department ratified this result to be " 
in possession of originality，worldwide developed control 
accuracy and running conditions".  

In 1999, the project was awarded a second class 
state scientific-technical progress prize. Moreover, the " 
research on continuous casting crystallizer 
non-sinusoidal oscillation system", one of the national " 
nine- five science and technology critical projects", 
received a second class scientific-technical progress 
prize of Hebei province. 

 Research on pipe dynamic property  
The theoretical analysis and experimental study 

about this project overthrew the traditional point of view 
that pipeline effect only can harm the systems, and 
revealed its potential application in electrohyraulic 
control systems. Besides, it put forward the new concepts 
and methods for series and parallel correction, and 
applied it to hydraulic bending system in rolling mill.  



Therefore, the system band- width can increase 
three times (reached 60Hz), which was ratified to be in " 
international advanced lever " by the mechanics 
department. 

 Research on hydraulic system control strategy and 
intelligent fault diagnosis prediction  

    It brought forward Fuzzy and Intelligent PID 
parallel control structure model, which was in possession 
of all merits of conventional PID, intelligent PID and 
fuzzy control. As long as it could go through input/output 
information in the real time detection on control 
procession, it could control systems effectively. So it is 
an useful and simple control strategy. The research on 
nonlinear system control chaos and the intelligent fault 
diagnosis prediction, has been a breakthrough in this 
field in recent years. It is of great importance in ensuring 
normal working of complicated electrohydraulic control 
systems and decreasing failure rate. 

 
Figure.2  Diagnosis prediction of the hydraulic system  
.   

 Study on hydraulic components and application   
The open circuit axial plunger pump has finished 

seven series new constructions. Its outstanding properties 
such as self-cooling, self-lubrication and no leakage, 
reduced the temperature increment of the pump, 
improved its service life for several times. 

Received 2 national patents of invention 
Received 8 national patents of utility model 

Awarded a scientific-technical progress prize by 
mechanics department and " six five " critical technology 

prize by Heilongjiang Province. 

 
Figure.3 Axial plunger pump 

  Research on the complicated flow  
The traditional design is only dependent on 

experience because there is a lot of heterotype section 
complicated flow in hydraulic elements and it is too 
difficult to research flow fields with analytic methods. 
Adopting Navier - Stokes equation in finite element and 
boundary element analyzing heterotype section field, and 
leading-edge experimental research on flow field 
visualizing systems, this research searched after the 
energy loss mechanism of complicated flow field, to 
establish a foundation for optimum design of hydraulic 
elements. 

 The mechanics quantity detection and control 
technique 
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Figure.4 Diagram of the AGC system  
Steel strip rolling mill shape control in cold rolling 

mill, the long-term national critical scientific research 
project, has yeilded initiative results in theory and 



practice. Some fruits of research, such as 650HCW shape 
of strip display system and 1850 cold rolling shape of 
strip plating thickness system control, has now been 
transfered into productivity. The successful research on 
magnetic and elastic transformer differential output cold 
rolling shape of s steel trip, filled up the domestic blank 
in this field, and enable us to get rid of the dependence 
on import. So it was awarded a first class and a second 
class scientific-technical progress prize by mechanics 
department.  

 

2、Part of the latest projects 
 The critical technology research on the 1450 cold 

link rolling mill 
 Programmable electrohydraulic control valve 

 
Figure.5 Programmable electrohydraulic control valve 

 Virtual cold tandem rolling mill group Modelling 
and simulation 

 
Figure.6 Virtual cold tandem rolling mill 

 1800 levelling machine shape of strip and 
extensibility syntheses optimization control 

 

Figure.7 optimization control of the rolling mill 
 Hot tandem roll reeling machine mark time control 

system 
 

 

Figure.8 CPC system of the rolling mill 
 Study on mutable width water curtain cooling 

experimental apparatus 

 

Figure.9 Water curtain cooling system  



 
Figure.10 Temperature distribution of the strip steel. 

 
Figure.11 Temperature distribution of the strip steel. 

 Study on control system of 5000T hydraulic press 
machine  

 
 Figure.12 hydraulic press machine working spot 
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ABSTRACT 
 
The paper presents significant good Danish experiment results of a developed CDIO-Concept and approach for active and 
integrated learning in today’s engineering education of MSc Degree students, and research results from using IT-Tools for 
CAE/CAD and dynamic modelling, simulation, analysis, and design of mechatronics solutions with fluid power actuators 
for motion control of machines and robots. The idea of CDIO-Concept is to take care of that the students are learning by 
doing and learning while doing when the students are active to generate new products and solutions by going through the 
phases from to Conceive, Design, Implement and Operate related to en product design by them self in competition with 
others. The idea is based on the Danish implementation of a CDIO-Concept. A curriculum at Aalborg University, and 
Technical University of Denmark, offers courses for Motion Control, Fluid Power within mechatronics design, and 
advantages as well as challenges are identified and discussed. An IT-tool concept for modelling, simulation and design of 
mechatronic products and systems is proposed, and results from a Danish mechatronic research program on intelligent 
motion control. 
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INTRODUCTION 

Companies are facing an increasing global competition on 
the market and the on-going challenge that customers 
always increase their needs for capability of products, 
solutions and machinery. Customers want improved 
productivity and efficiency – if possible to lower prices 
and rapid delivery; value for money. The demands focus 
on extensions of functionality, faster response, operation 

capability, man-machine interface (MMI), robustness, 
reliability and safety in use. Today’s IT-tool offers both 
software and hardware for improvement of engineering 
design and industrial applications. This means companies 
need professional engineers with qualifications to fit the 
demands. R&D Mechatronics Teams create mechatronics 
products, machines and solutions, Figure 1. Mechatronics 
System Engineering is an emerging integration of 
mechanical engineering, electrical engineering, control 
engineering, and smart software engineering.  
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Figure 1   R&D Mechatronics Teams create mechatronics products and solutions 
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New applications where a mechatronic approach is needed 
are added each year. The need and demands to the 
education of engineers in this field are on-going 
increasing. The challenge is basically to develop the 
content of the engineering curriculum to strengthen 
integration of theories and best practice in mechatronic 
design of novel generations of products and solutions 
without using extra study time. This paper presents an 
active and integrated learning approach, which makes it 
possibly very fast for the MSc student to develop in-depth 
skills in this important area.  The approach is lectures 
combined with mandatory projects base on active 
problem-oriented and project-based learning. The idea is 
based on the Danish implementation of a CDIO-Concept. 
A complete curriculum at Aalborg University, AAU, and 
Technical University of Denmark, offers courses for 
Motion Control, Fluid Power within mechatronics design, 
and advantages as well as challenges are identified and 
discussed. An IT-tool concept for modelling, simulation 
and design of mechatronic products and systems is 
proposed in this paper. It built on results from a Danish 
mechatronic research program on intelligent motion 
control. 

CDIO CONCEPT - PROBLEM-ORIENTED AND  
PROJECT LEARNING 

IT-tools for controller design and for intelligent motion 
control could satisfy customers’ needs, requirements and 
the regulations etc. Mechatronic test facilities with digital 
controllers for a hydraulic robot, hydraulic cranes and 
mobile vehicles have been implemented for R&D, and for 
education of students based on a Danish developed CDIO-

Concept, and problem-oriented and project-learning, 
illustrated in Figure 2, Figure 3, Figure 4, and Figure 1.  
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Figure 2   CDIO-Concept (Finn Conrad, 2005) 
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Figure 3   Problem-oriented and project-learning 



Successful R&D-project business Such a problem-driven and project-based learning do 
strengthening of the students’ self-learning competency. The designer and/or the team of designers pre-determine 

the production related costs and hereby the business 
potential during his and/or the team’s decisions in the 
design phase. The awareness of managing this relationship 
is very important during the design of products to make a 
successful business. This is in particular important for 
enterprises in mechatronics. Use of the IPD-model and 
available IT-simulation techniques suitable for hardware 
in the loop simulation and rapid prototyping could 
improve the design phase and test phase in order to reduce 
the time to market and total costs leading to a successful 
business. The design and development of fluid power 
components and systems by use of smart simulation and 
IT tools in a concurrent engineering approach following 
the iterative design concept illustrated in Figure 5 by 
Conrad [2] and [3]. The driving forces are the designer’s 
innovation, creativity and thinking combined with their 
knowledge and capability skills to solve the  design task. 

Engineering design can be analysed using the IPD-model, 
i.e. Integrated Product Development phase model [1].  

THE CONTROL ENGINEERING DESIGN TASK 

The task of control engineering design can be analysed 
using the IPD-model illustrated in Figure 4, in order to 
integrate control theory and design methodology into the 
design process to create business by turnover.  

 
Figure 4  The control engineering design task 

IT-TOOL CONCEPT FOR CONTROLLER DESIGN  

A company’s capability of beating the competitors often 
depends on the ability to shorten the time of a product’s 
development and design phase and to decrease the total 
design and prototyping costs.  Developing a closed-loop 
control system for fast mechatronic systems involves 
control design with plant modelling and off-line 
simulation as well as real-time simulation and hardware-
in-the loop (HIL) simulation to verify the controller’s 
functions, robustness and safety in reality. 

 
The objective of the model is to give an overview and 
understanding of the control task (or agenda), shown to 
the left in Figure 4, with focus on quality, and the nature 
of control systems, shown to the right. At the bottom of 
the figure is illustrated the design process based on the 
Integrated Product Development (IPD-model) activities 
starting with the customers’ needs to the very left and 
ending up with the deliverable product to the very right. 
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Figure 5  The design process is an iterative on-going 
engineering driven and controlled process 

An important part of the engineering knowledge base 
includes descriptions, models and experiences concerning 
known products, including controllers, machines, robots 
etc. In this context, it is named as knowledge on the 
‘botanics’ of control systems. The control aspects are 
focused on the areas: Man-Machine Interfaces (MMI), 
safety, sequential control and dynamic control. As shown, 
the modelling activity for an actual control task relies on 
the available theories, methodologies and tools to model 
and describe the behaviour of the product undertaken in 
the design process. The IT-tools and laboratory facilities 
are needed real-time for experimentation, evaluation and 
validation of control laws and algorithms. Furthermore, a 
problem-driven and project-based learning framework for 
strengthening and development of the students/candidates 
self-learning competency is proposed and discussed. 
 



 
Figure 6  IT-tool concept for control system design 

To overcome the disadvantage of the traditional set-up 
and procedure for controller system design, a novel 
concept for controller design was developed and 
implemented at our Department of Mechanical 
Engineering, DTU. This concept based on use of DSPs 
and the dSPACE system, as illustrated in Figure 6, is very 
suitable for intelligent motion control of machines and 
robots. 
For mechatronic products, machines, robots and systems 
with a controller, this challenge can be undertaken by 
using a suitable IT-tool concept for controller design 
based on CACSD (Computer Aided Control System 
Design) with facility for rapid controller prototyping with 
HIL simulation capability. A feature is the integrated 
design and rapid prototyping of controllers targeted at 
Digital Signal Processors (DSPs) or other embedded 
systems. The high performance and low cost of today's 
DSPs together with the use of powerful design and 
programming software, allows engineers to design 
controllers faster and with lower cost than traditional 
"custom" controller board designs. DSPs and Alpha 
processors are a very suitable hardware of choice for 
design of controllers utilising the CACSD packages such 
as Matlab/Simulink, VisSim, Easy5, ACSL, Dymola, 
Saber and AMESim. 
The DSP card that facilitates the computer control is 
programmed via a Real-Time Interface (RTI) by means of 

‘Rapid Control Prototyping’ (RPC) and ‘Hardware In the 
Loop’ (HIL) technologies including Matlab/Simulink and 
the Real-time Toolbox. The application is running on the 
real-time hardware the RTI and a virtual instrument panel, 
COCKPIT enables the user to change parameters and 
monitor signals, and a TRACE facility that displays the 
time history of any variable being used by the application.  

CDIO EDUCATION IN MECHATRONICS DESIGN 

Education both during ordinary graduate studies and 
through life-long learning becomes still more important. 
The technological progress is faster than ever and the 
‘life-time’ of a new education is becoming shorter and 
shorter. In some emerging technology areas the lifetime is 
less than three years. However, basic skills like 
mathematics, physics and related technical disciplines are 
still important as well as skills like communication 
(written and orally), teamwork, project organization and 
management are becoming more and more useful. 
Bachelor or Master project, where normally only two 
students work together. Each project group has during 
their project a supervisor who is a member of the faculty 
and the supervisor is also an active researcher. The project 
group requires a room at the university where they can 
work with their problems in connection with their project, 
meet their supervisor and solve problems related to the 
courses/lectures. A typical day for the students is divided 
into two halves with lectures and one project is carried out 
at each semester. In their final project (thesis) the students 
spend all the time on the project work. Normally 6 
students work together in a project group except for the 
tutorials from 8.15 to 12.00 and project time from 12.30 to 
16.30. This means that the students during their study are 
present almost all the time at the university. It is a great 
advantage that the students have their own room. This 
greatly facilitates their eagerness to use the teacher during 
course specific problem solving. The challenges lie in the 
physical planning and the subsequent demand for office 
rooms. Each semester has a specific theme and project 
titles address problems related to this theme. The 
academic staff and industry make proposals to a particular 
semester. The proposals are at the higher semesters 
(graduate) mostly related to the research interest or 
initiated by the industry. Given a problem at a semester 
the students first make a problem-analysis, demarcating 
the project and they make a time and working-plan. After 
that they do the problem solving by the use of literature, 
lectures, group studies, tutorials, field-work and 
experiments. During the project work the students have 
regular meetings with a supervisor (typically weekly). 
During the education in Mechatronics System Engineering 
has focus on three main areas by AAU  



• Design of machines and dynamic analysis. 
• Control engineering – including modelling and 

simulation.  
• Electro-technics, including analogue and digital 

electronics, programming of signal processors and 
microprocessors and control of electrical motors.  

The level within these areas is built up during the different 
semesters. During the 6th to 8th semesters the courses 
(50%) are combined with project work (50%). During the 
9th semester it is possible to attend project related courses, 
but generally the 9th and 10th semesters are based only on 
project work. It is possible to choose between making a 
short final thesis (10. semester) or an extended final thesis 
(9. and 10. semester). 
6th semester - Project theme: “Design and Optimization 
of Electro-Hydraulic-Mechanical System”. A design task 
is formulated in detail, based on a working cycle where a 
payload of approximately 400 kg is to be positioned by a 
small vehicle. A number of standard components: 
Frequency converter, gearmotor, hydraulic pumpstation 
and hydraulic proportional valve are handed out to the 
students and they must use this in the design task. The 
design is manufactured and the student projects are 
compared with respect to: price, weight and efficiency. 
Project example: The outcome of a typical 6th semester 
project is shown in Figure 7. The vehicle had to ride on 
tracks laid out beforehand. The price of the vehicle was 
derived as the purchasing of components such tooth belt 
drive, bearings and the hydraulic cylinder. The payload 
had to be picked in between the rails and hoisted above an 
obstacle during the travel thus complicating the structural 
design and requiring two degrees of freedom. 
 

 

Figure 7  A 3D CAD model of the vehicle build 
 
One may argue that the problem-based approach is almost 
non-existing in a project as controlled as this one. 
However, experience shows that the same skills with 
respect to problem definition and demarcation are just as 
necessary on a project like this as one with a more broadly 

formulated initial problem. Also, it is important, to control 
the projects to a certain degree in order to ensure that 
certain teaching goals are reached. This balance between 
the purely problem-based approach and the desire to reach 
certain levels in different disciplines is one of the greatest 
challenges in an educational system. 
7th semester - Project theme: “Servomechanisms and 
distributed loads”. The project considers an industrial 
servomechanism with a distributed load. The analysis and 
design of a position/velocity servo system on the basis of 
dynamic performance demands is wanted for the system. 
During the design work both an electrical and a hydraulic 
servomechanism is elected, and the designed control 
strategies are implemented digitally.  
Project example: A hydraulically driven robot, as shown 
in Figure 8, was modelled and simulated to test design, 
implementation and operation of different control 
algorithms (incl. adaptive and learning). It is a two-
degrees-of-freedom rotary arm manipulator with a high-
frequency two-stage servovalve controlling each of the 
two hydraulic cylinders. The simulation model takes into 
account all nonlinearities and has been experimentally 
verified. The robot was also used for the experimental 
evaluation and verification of the designed control 
algorithms. 

 
Figure 8  The DTU-AAU Hydraulic Test  Robot 

 
8th semester - Project theme: “Design and control of 
power transmission systems”. The project considers a 
power transmission system in a real industrial application, 
in which the power must be controlled in accordance with 
a varying consumption situation.  
An AC-motor must be part of the transmission system as a 
power source to a hydraulic-mechanical or an electro-
mechanical transmission. 



Project example: A small vehicle was designed with a 
combined steering and traction concept, see Figure 9 
Beside the construction of the vehicle the transmission 
system (using AC motors) and the control system (power 
converters and control strategy) were to be designed. The 
control strategy was implemented using a µ-controller and 
demonstration by operation.  

The project involved development of software for path 
generation and dynamic simulation used to dimension the 
mechanical structure, the machine elements, and the servo 
drive including converter, servomotor and planetary gears. 
Today do the Department of Mechanical Engineering, 
DTU and the Department of Mechanical Engineering, 
Aalborg University both offer each their own programme 
of specialisation profile in mechatronics for their MSc-
students with an emphasis of motion control, intelligent 
control, analysis and ‘best practice’ of engineering design.  

 
Figure 9   The prototype of designed and build vehicle 

with AC motor driven traction and steering 

 CONCLUSION AND OUTLOOK 

The authors have so far good experience from using the 
proposed Danish CDIO-Concept for Engineering 
Education, in particular for a MSc Degree in 
Mechatronics Design. Promising results are obtained 
partly from a Danish mechatronic research program 
(IMCIA) focusing on intelligent motion control as well as 
results from the Esprit project SWING on IT-tools for 
rapid prototyping of fluid power components and systems. 
Examples of AAU and DTU mechatronic test facilities 
with digital controllers for a hydraulic robot, hydraulic 
cranes, and vehicles have proven their capability for 
research and education in mechatronics systems 
engineering. The controllers have been implemented with 
digital signal processors (DSPs). The developed IT-tool 
concept for DSP-based control system design and rapid 
controller prototyping do utilising the dSPACE System. A 
challenge of a successful education in mechatronics is the 
hardware. Cooperate closely with industry companies on 
projects is a must to assure support funding. 

9th and 10th  semester - The project considers a problem 
defined in co-operation with a company and Aalborg 
University. A specialization within a subject area is 
expected; a subject area in which the student has acquired 
qualifications on mechatronics. The project may start from 
a wide range of problems within the mechanical, fluid, 
electrical, and control engineering. The result of the 
project ought to be able to form part of or improve 
existing commercial systems. Project example: A 3-
degree of freedom spatial servo robot for palette handling 
was designed based on a typical working cycle defined by 
a company. The designed, implementation and operation 
of a 3DOF spatial servo robot for palette handling is 
shown as an example in Figure 10 created by the MSc 
students.  
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ABSTRACT 

The active utilization of the pressure rise phenomenon of an oil hammer and a new type of hydraulic pressure 
intensifier using an oil hammer were proposed and developed.  In this research, an application of this intensifier to 
pressure intensification in a hydraulic cylinder of a construction machine is studied through experimentation and 
simulation. 

High pressure is generated when the fluid flow through the pipeline is shut quickly by the solenoid operated valve 
at the downstream end.  If the fluid is taken out through the check valve when the pressure is high, much 
higher-pressure fluid than the supply is obtained. A vessel is used as a model of a hydraulic cylinder without 
displacement. The pressure of the vessel is intensified. The necessary pressure level is thought to be around 30MPa. We 
develop a block diagram for the simulation considering the pipeline dynamics. 

 
Key words:  

Pipeline, Water Hammer, Oil Hammer, Intensifier, Hydraulic Cylinder 
 
 

NOMENCLATURE 
 
a : sonic velocity in fluid（＝1.26×103m/s） 
A : pipeline area  
A3 : line cross sectional area（＝6.34×10-5m2） 
AE : open area of check valve（＝1.54×10-4m2） 
AV : total open area of solenoid-operated valve                  
（＝7.76×10-5m2） 

c0 : discharge coefficient of solenoid-operated valve 
（＝0.6） 

cf : discharge coefficient of check valve （＝0.7） 
CE : viscous damping factor of check valve  （=11.8 

Ns/m） 
D : inner diameter of pipeline 
DE : inner diameter at check valve inlet （=16mm） 
f : flow force 

FC : Coulomb friction force of check valve  
   (＝0.15N) 
ｇ : acceleration due to gravity 
hf : head loss due to fluid friction per unit length 
H : pressure head 
HV : pressure head in vessel 
HE : pressure head at downstream end of pipeline 
KE : spring constant （= 20.6 kN/m） 
KV : bulk modulus of fluid（=1.36GN/m2） 
L : length of pipeline  
L3 : length of connection area（=0.145m） 
ME : moving mass of check valve（= 49.7ｇ） 
PE : pressure at downstream end of pipeline 
PS : supply pressure  
PV : pressure in vessel  
qc : volumetric fluid flow rate through check valve orifice 
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qs : volumetric fluid flow rate through solenoid-operated 
valve 
t : time 
tw : pulse width 
Uc : volume at connection part （＝ 0.220×10---4ｍ3） 
UV : volume in vessel  (=5.0×10  - 3 ｍ3  )     
V : average flow velocity at line section 
VE : average flow velocity at line section of downstream 

end 
VV : average flow velocity at line section of check valve 

inlet 
ｗ : ratio of current open area of solenoid-operated 

valve to its total open area 
x : coordinate in axial direction of pipeline 
Y : check valve displacement 
Y0 : check valve initial compression length（＝4.4ｍｍ） 

:α  valve angle between vertical and poppet face  
  （＝π /４rad） 

:ν kinematics viscosity of fluid（＝3.83×10-5ｍ2/ｓ） 

:ρ  fluid density（=853kg/m3） 

ζ:  loss factor 
 

INTRODUCTION 
 

Since an oil (water) hammer generates much higher 
pressure than the supply pressure, it occasionally 
destroys a device. There are many measures that may be 
taken against the disadvantages of the oil hammer. 
However, the authors propose to actively utilize this 
pressure rise phenomenon. A new type of hydraulic 
pressure intensifier was already proposed and developed 
[1][2][3]. Many hydraulic machines are large and heavy. 
There are a large number of examples of waste from high 
pressure and large flow volumes supplied by a pump. 
Our intensifier uses an oil hammer to convert 
low-pressure fluid from a supply pump to a high pressure 
one only when necessary. Therefore, the hydraulic 
pressure source can be small, and energy is saved.  

The purpose of this research is to apply this device to 
the real construction machine. A vessel is used as a 
model of a hydraulic cylinder without displacement. The 
pressure of the vessel is a control object. The volume in a 
vessel is made with a large capacity of 5 liters. The 
experiment is done to investigate the condition when a 
construction machine is actually working. The necessary 
pressure level is thought to be around 30MPa.We 
develop a block diagram for the simulation of the system 

 
 
 
 
 
 
 
 
 
 
 
 
Fig.1 Concept of the new hydraulic pressure 
intensifier 
 
considering the pipeline dynamics. The simulation 
results are easily obtained using MATLAB SIMULINK. 
We also obtain the accurate simulation results using 
Fortran program made by the authors. We research the 
characteristics through the experiment and simulation.  
 

CONSTRUCTION 
 

Figure 1 shows the principle of the new pressure 
intensifier. When the solenoid-operated valve at the 
downstream end of the pipeline is open, fluid supplied 
with a constant pressure flows through the pipeline. If 
the valve is shut quickly, an oil hammer is generated in 
the pipeline. The check valve is used to release the high 
pressure generated. Pressure much higher than the supply 
pressure can be continuously released by opening and 
shutting the solenoid-operated valve repeatedly. 

The concept is applied to the pressure intensification 
of a hydraulic cylinder as shown in Fig.2. This 
equipment is composed of a pipeline, a check valve, a 
solenoid-operated valve, and a personal computer for 
on-off operation of the solenoid-operated valve. The 
hydraulic cylinder is the controlled object.  

When the solenoid-operated valve is kept shut, the 
pump pressure is directly supplied to the hydraulic 
cylinder. If the solenoid-operated valve is turned on, oil 
flows at high speed through the pipeline to the tank. By 
cutting off the current to the solenoid-operated valve, the 
valve is shut and an oil hammer is generated in the 
pipeline. If the pressure at position① in Fig.2 is higher 
than the pressure at position②, the check valve opens 
and high-pressure fluid is discharged into the hydraulic 
cylinder. The pressure in the hydraulic cylinder is made  

H 
  1 

H 

  

2 

Check Valve 

Solenoid-operated valve 
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much higher than the one supplied by the pump.  The 

hydraulic cylinder produces much bigger force than the 
force which is produced by the pressure supplied directly 
from the pump. When the pressure at position① 
becomes lower than the pressure at position②, the check 
valve shuts and prevents the fluid from flowing 
backwards. A vessel is used as the model of a cylinder 
without displacement. 
  

BASIC EQUATIONS FOR SIMULATION 
 

Basic equations related to the pipeline, the check valve 
and the vessel are analyzed and shown by simulation. 
The interaction of an oil hammer and the check valve is 
considered. 
Relation between pressure and flow velocity in the 

pipeline 
In this research, the improved version [4] of Zielke’s 

characteristics method is used to obtain the relation 
between the pressure and the flow velocity in the 
pipeline. The relations between the pressure and the flow 
velocities of the adjoining two points R and S, and the 
point N on the x-t plane [4] are given by the following 
equations. N is the middle and Δx away from points R 
and S. The time at N is Δt later than the time at R and 
S.  

 

0)( =∆+−+− tghHH
a
gVV fRRNRN      （1） 

0)( =∆+−−− tghHH
a
gVV fSSNSN

      （2） 

hf  indicates the transient pressure head loss per unit 

length and it is obtained using the method shown in 
reference [4]. When the pressure is lowed below the 
atmosphere pressure, vapor-liquid model is used [5][6].  
Relation between pressure drop and flow velocity at 
the check valve 
 

VE
V

Ef

c HH
dt

dV
g
L

YDc
q

g
−=+± 32)

sin
(

2
1

απ
   （3） 

 
（+：regular flow －：reverse flow）          

dt
dYAqVA EcV +=3

                  （4） 

 
Motion of the poppet in the check valve 
 

YK
dt
dYC

dt
YdM EEE ++2

2
 

)sgn(0 dt
dYFYKgMf CEE −−−=    （5） 

E
E

f gA
D
Ycf ρα)2sin41( −=  

)( 3

dt
dV

g
LHH V

VE −−×               （6） 

where 0≥Y  is assumed. 
 
Equation for fluid compression at the connection 
between the solenoid-operated valve and the pipeline 

 

dt
dH

K
gUqVAAV E

V

C
SVE

ρ
=−− 3

           （7） 

 

Fig2. Schematic diagram of the test ring
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Fig.3 Block diagram of the system 
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w represents the opening of the valve and is assumed to 
change in trapezoidal form. ζ represents loss factor at the 
downstream of the solenoid operated valve. 
 
Compression of fluid in the vessel 

 

dt
dH

K
gUVA V

V

V
V

ρ
=3

                 （9） 

 
SIMULATION USING MATLAB SIMULINK 

 
  The dynamics of the system including pipeline is 
expressed by a block diagram as shown in Fig.3. The 
simulation results are easily obtained using MATLAB 
SIMULINK with the block diagram. In this block 
diagram the characteristics of the check valve is 
idealized. 
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COMPARISON BETWEEN THE SIMULATION 
AND THE EXPERIMENT 
 

The solenoid-operated valve is opened and closed by 
the frequency 8Hz and the pulse width tw 50ms in this 
experiment. The frequency of 8 Hz means that the period 
is 125ms. The current is ON-state for 50ms during 
125ms. The supply pressure Ps = 6.86 MPa. The pipeline 
length L = 4.15 m and the inner diameter D = 6 mm. The 
experimental results and the simulation results of the 
pressures at the downstream end and in the vessel for 0.5 
second from the beginning are shown in Figs 4, 5 and 6. 
The results for 10 seconds are shown in Figs. 7 and 8. 
Fig.4 shows the simulation results of MATLAB 
SIMULINK. Figs.5 and 7 show the simulation results of 
FORTRAN program made by the authors.  

 
 

 
 
 
 
 
 
 
 
 
 
Fig.4 Pressures in the vessel (PV) and at the 
downstream end (Pe) of the pipeline obtained by 
MATLAB SIMULINK simulation for 0.5 s from 
the beginning. 
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Fig.5 Pressures in the vessel (PV) and at the 
downstream end (Pe) of the pipeline obtained by 
the simulation program made by the authors 
during 0.5 s from the beginning. 
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Fig.6 Experimental results of pressures in the vessel(PV)  
and at the downstream end(Pe) and upstream end(PU) of 
the pipeline.  
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.7 Simulation results of pressures in the vessel 
(PV) and at the downstream end (Pe) of the 
pipeline obtained by the program made by the 
authors for 10 s from the beginning. 
 
 
 

 
 
 
 
 
 

 
 
 
 
Fig.8 Experimental results of pressures in the vessel (PV) 
and at the downstream end (Pe) and upstream end(PU) of 
the pipeline during 10 s from the beginning. 
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PRESSURE INCREMENT IN THE VESSEL 
 

The results in Figs. 7 and 8 show that the pressure 
increment in the vessel almost saturates in 10 seconds 
and the pressure of the experiment exceeds 30 MPa.  

The pressure obtained by the experiment is less than 
the one obtained by the simulation. The difference 
increases with the supply pressure increment and the 
inner diameter increment. The pressure at the 
downstream end increases when the diameter is 
increased to 8 mm from 6 mm. Because the pressure 
drop through the test pipeline is reduced due to the 
pressure increase at the downstream end, the flow 
velocity is not so increased as expected. Therefore the 
pressure in the vessel is not so increased as expected 
when the diameter is increased exceeding 6 mm.    
 
RELATION BETWEEN THE PRESSSURE 
INCREMENT AND THE PIPELINE 
PARAMENTERS 
  
   In the previous section, the length of the pipeline is 
4.15 m and the inner diameter is 6mm. The pressure 
obtained in the vessel, are shown in Fig.9 when the 
length and the diameter of the pipeline are changed.  

Fig. 9 shows the pressures obtained after an oil 
hammer is generated 80 times. They are obtained after 
10 seconds because the frequency of opening and closing 
the solenoid operated valve is 8 Hz.  

The experimental results are smaller than the 
simulation results. The leakage at the poppet and the 
flow resistance at some places may influence the 
experimental results. The simulation result has a peak 
point to the pipeline length. The experimental result 
seems to have a peak point at the pipeline length longer 
than 4m. There is a tendency that smaller pipe diameter 
gets higher pressure when the pipeline length is short, 
and bigger pipeline diameter gets higher pressure when 
the pipeline length is long.  

 
CONCLUSION 

  
A pressure of more than 30 MPa was obtained by 

our intensifier from the supplied pressure 6.86 MPa. This 
is our target to apply this equipment to a real working 
machine as a construction machine.  

The dynamics of the system including pipeline is 
expressed by a block diagram. The simulation results are 

easily obtained using MATLAB SIMULINK with the 
block diagram. Also, the simulation results are obtained 
by FORTRAN program made by the authors.  

It is clarified that the phenomenon is 
expressed with a theoretical formula by 
comparing the experimental result and the 
simulation result. However, in case of a shorter 
pipeline, thicker diameter, or higher supply 
pressure, the experimental value becomes 
smaller than the simulation result.  
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Fig. 9 Pressure in the vessel after oil hammer is 
generated 80 times. (Results of Simulation and 
experiment) 
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ABSTRACT 
 
Recently, excavator is used for not only civil engineering but also building demolition, scrap recycling and so on. The 
reason is thought that it has a general-purpose power supply system and is able to move by itself. In other words, it 
could be considered a kind of high-powered robot. As a whole, it consists of several modules. Divided roughly by each 
function, power module such as an engine and pumps, working module such as front structures and hydraulic actuators, 
traveling module such as crawlers or wheels, operation module such as control levers and pedals. In this time, to gather 
and carry lots of objectives in scrap yard or somewhere, both a fork grapple and a loader bucket are equipped as a 
working module. And to carry the objectives quickly to destination, wheeled traveling system is equipped. As a result, 
we have produced a multi-functional handling machine which has double front attachments and wheels. Then if 
operators cooperate the modules effectively, they will be able to handle their work more efficiently.  
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INTRODUCTION 
 
Recently, excavator is used for not only civil 
engineering but also building demolition, scrap 
recycling and so on. For example, Figure 1 shows a car 
demolisher, which demolishes the body and sorts the 
parts of scrapped cars. Then the operator is able to 
control the grapple for the objects delicately because of 
the control ability of excavator’s actuators. I think the 
reason of the multi use is that it has a general-purpose 
power supply system and is able to move by itself. In 
other words, it could be considered a kind of 
boarding-type high-powered robot. 

 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Car demolisher 
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As a whole, an excavator consists of several function 
modules. Divided roughly, power module such as an 
engine and pumps, working module such as front 
attachments and hydraulic actuators, traveling module 
such as crawlers or wheels and operation module such 
as control levers and pedals. Figure 2 shows the 
example of the function modules of Hitachi mini 
excavator Zaxis40UR. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Hitachi mini excavator Zaxis40UR 
 
 

APPLICATION EXAMPLE 
 
In this time, applying the excavator, we have 
investigated a multi-functional handling machine, which 
could gather and carry lots of objects in scrap yards or 
the other places. For example of works Figure 3 shows 
the situation of industrial waste yard and Figure 4 shows 
the situation of disaster area in Sumatra Island.  
 
 
 
 
 
 
 
 
 
 

Figure 3 Industrial waste yard 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Disaster area in Sumatra Island (2004) 

Usually an excavator and a truck are necessary for the 
works. Of course, two operators are also necessary at 
least. So if the works could be done by one machine 
efficiently, the job efficiency goes up and the energy of 
machines is saved. Then both a fork grapple and a 
loader bucket are used to sort and gather the objects. 
And a wheel traveling system is suitable to carry them 
quickly to the destination. 
 

SYSTEM OF THE MACHINE 
 
Figure 5 shows a picture of the developed machine. As 
you guess, the base machine is Zaxis40UR of figure 2. 
Power module is common with it. But traveling module 
is changed to wheel type and two different type fronts 
are used as working modules. Using upper fork grapple, 
we can do delicate works such as object sorting. And 
using lower loader bucket and wheel, we can gather and 
carry them to the destination efficiently.  
Table 1 shows the specifications of the machine. The 
travel speed is not so fast but is enough to travel in a 
yard. The hydraulic circuit (Figure 6) is based on the 
load-sensing system of Zaxis40UR. It's easy to add the 
optional systems by connecting the pressure line in 
common. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Developed machine 
 
 

Table 1 Specification of the machine 
 
 
 
 
 
 
 
 
 
 
 
 

Item unit Value

Machine weight kg 3957
Engine output kW 20.6
Travel speed km/h 10
Weelbase mm 2000
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      Figure 6 Hydraulic circuit 
 
 

SPECIFICATION OF MODULES 
 
Front Attachments 
Figure 7 shows front working range of the machine. 
Wide working range is necessary as a backhoe front to 
deal various objects. And high dumping height is 
necessary to dump them to a loading platform of truck. 
Using both fronts like broom and dustpan, we can 
gather objects efficiently. 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 7 Front working range 
 
Traveling System 
The main hydraulic circuit of the wheel system is the 
same as the original open circuit for crawlers, not using 
HST system. The reason is to simplify the system and to 
cut down the cost and term of development. Then the 
travel performance might be not so high compared with 
HST. So I planned simulation to certify the performance 
and investigate the parameters in advance. 
Figure 8 shows the simulation model and Table 2 shows 
the specifications. The counter valance valve is to 
prevent body falling in slope. The travel feeling depends 
on the characteristics of valves. So we tuned the size of 
valve chokes and the set pressure of relief valve by 
simulation to realize desired acceleration and 
deceleration feeling. As a result, the acceleration is good 
and the shock is about under 0.2G (Figure 9). Well, the 
drift of experiment speed is caused by the indirect 
calculation with acceleration. 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8 Simulation model of traveling system 
 
 

Table 2 Specification of traveling system 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9 Simulation and experiment result 
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Pump volume cm3 8.5～38
Ririef Pressure MPa 27
Engine speed min-1 1175～2500
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Operating System 
At present we still apply combination of usual operating 
systems for it (Figure 10). Handle and pedals are used to 
operate the traveling system. Forward right lever is for 
Loader bucket. They are the same as usual ones of 
wheel type machine like a wheel loader. And two levers 
at seat side are common with excavator’s ones. 
Figure 11 shows a working situation in industrial waste 
yard. Professional operators could control this machine 
very well using the operating system in a few hours. 
And they didn’t complain the control ability especially. 
But now I think that farther advanced mechatronic 
system will become necessary for more cooperative 
motion in the future [1]. For example figure 12 shows 
master-slave control system of excavator, which was 
developed several years ago and called one-lever system 
by us [2]. Usually this technology is used to control 
manipulators [3]. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 10 Operating system 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 12 One-lever system 
 
 
 

 
 
 
 
 
 
 
 
 

(a) Sorting 
 
 
 
 
 
 
 
 
 

(b) Traveling 
 
 
 
 
 
 
 
 
 

(c) Dumping 
 

Figure 11 Example of working situation 
 
 

CONCLUSION 
 
 Now we proposed a multi-functional handling machine 
as a kind of high-powered robot. The feature is the 
working ability by double front attachments and the 
mobility by wheel traveling system. From now on such 
multi-functional machines will be developed more and 
more with low cost and high reliability, applying the 
hydraulic system of excavators.  
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ABSTRACT 
 
This paper presents an electromagnetic miniature pump using peristaltic motion of an interchangeable flexible tube. 
Four hinge-type electromagnetic actuators arranged serially in one line pinch a flexible tube and generate peristaltic 
motion on the tube. In order to reduce electric power consumption, the magnetic latch mechanism using permanent 
magnets is applied to the actuator drive. As the actuator pinches the outside wall of the interchangeable tube, this pump 
can deal with any liquids inside the tube. The prototype pump has the flow rate range of 0.1~1cm3/min and the 
maximum pressure of 13kPa by a battery drive. This paper shows the electromagnetic design of the actuator using the 
FEM magnetic field analysis. The optimum drive sequence of the pinching actuators and the experimental result of 
pump characteristics are reported. Furthermore, feasibility consideration of application to the portable intravenous drip 
system for medical treatments is carried out. 
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Pump, Electromagnetic Actuator, Power Saving, Flow Control, Latch Mechanism 
 
 
 

INTRODUCTION 
 
A pump which pressurizes the fluid inside the elastic 
tube by pinching it from the outside of the tube is 
generally applied to the sanitary/medical applications 
and the chemical analyzers. Due to the existence of an 
interchangeable tube wall between the fluid and the 
mechanical parts, it can deal with various kinds of fluid 
(acid, alkaline,etc.), and can prevent the fluid from 
contaminating. It also requires no cleaning because the 
fluid is changed with the interchangeable tube at the 
same time. The commercialized pumps of that type 
generally consist of the elastic rubber tube looped along 

the cylindrical inner wall, and the rollers squeezing the 
tube as shown in Fig.1. The roller unit is usually driven 
by a rotary actuator such as an electric motor. In this 
system, the precise rotational speed control of the rotary 
actuator in wide speed range from very slow up to high 
is necessary for the flow rate control. In order to realize 
the flow rate control in simpler configuration, this paper 
presents the different pump mechanism from the rotary 
type. The proposed pump system pinches an elastic tube 
by means of serially-arranged hinge type 
electromagnetic actuators and generates the peristaltic 
pumping motion on the tube by the sequential action of 
the actuators. Furthermore the power saving drive of the 



pump system on the condition of the battery drive is 
described.  

 

 

 

 

 

 

Figure1 Rotary type tube pump 

Elastomer tube 

Outer cylindrical wall 

Roller 

Motor shaft 

 
CONFIGURATION OF MINITURE PUMP 

SYSTEM AND ITS APPLICATION 
 
The portable intravenous drip infusion system is 
specified as the design target application of the 
proposed pump system. The movable intravenous drip 
equipment is not generally compact and limits the 
sphere of activity of the patient. Patient who has the 
scheduled medication by injection also has same 
restriction in his daily life. The proposed system shown 
in Fig.2 consists of the medicine liquid package in the 
breast pocket, the elastic tube run along the shoulder 
and arm, and the proposed pump actuator unit with the 
controller on the upper arm. The medicine liquid is 
transfused into the body at the forearm just like the 
conventional intravenous drip infusion. Table 1 
indicates the required pump performance of the portable 
intravenous drip infusion system. Tube

Medicine 
pack in the 

Pocket 

Pocket on 
the shirt 

Medicine pack

Pump unit

Into the body

Figure 2 Concept of portable liquid medicine 

Conventional

Portable system

Figure 3 shows the hinge-type electromagnetic actuator 
used in the proposed pump. The actuator generates the 
force pinching the elastic tube between the armature and 
stator when the actuator is activated. The armature is 
returned by the elastic force of the tube when it is 
inactivated. It generally wastes electric power to keep 
the pinching position by continuous energizing of the 
coil. Therefore, the power consumption becomes large, 
especially in the drive mode having long interval. For 
reduction of power consumption, the magnetic latch 
mechanism using the permanent magnet inserted into 
the magnetic circuit is adopted to this actuator. The 
magnetic latch mechanism is common technology but 
very effective to the power saving drive of 
electromagnetic ON/OFF actuator [1]. 
 

MAGNETIC LATCH MECHANISM 
 
Figure 4 shows an example of the force-displacement 
characteristics of a solenoid actuator with magnetic 
latch mechanism. The elasticity of the tube and pressure 
of the fluid inside the tube are assumed as a spring load. 
At the non-energized and open position, the actuator 
keeps open position because the attractive force 
generated by the permanent magnet is lower than the 
spring load. Then, the instantaneous energizing to the 
coil in the same direction as the permanent magnet 
magnetic field activates the actuator to the closed 
position ( ① ) because the total attractive force 
overcomes the spring load. The actuator keeps closed 
position (②) without energizing. Therefore, no electric 
power is consumed. The instantaneous energizing to the 
coil in the counter direction for the permanent magnet 
magnetic field reduces the total attractive force, and 
then the actuator is released by the spring load. Because 

Table 1 Required specifications of small         
electromagnetic pump 

Pressure (max.)  over 13kPa 
Controllable flow rates 0.1 cm3/min～1.0 cm3/min 
Power source Rechargeable battery cell 

(Ni-MH) 

Tube 

Armature 

Stator 

Base 
Permanent magnet Coil 

Pin 

Figure 3 Hinge-type electromagnetic actuator 



the instantaneous energizing works as only the trigger of 
actuator motion, the actuator wastes no electric power at 
the steady state, which occupies most of the actuator 
state. 
The permanent magnet inserted into the magnetic circuit 
is exposed to inverse magnetic field to release the 
actuator. Therefore, permanent magnet material is key 
factor to the performance of the magnetic latch 
mechanism. Neodymium magnet (Nd-Fe-B) is applied 
to the actuator because of its toughness against 
demagnetization compared with ferrite or Alnico 
permanent magnets. The size of the permanent magnet 
is determined by consideration of balance between the 
required actuator force and the demagnetization effect 
caused by the energized coil, with the aid of FEM 
magnetic field analysis. 
 
 

 

DESIGN OF MINITURE PUMP SYSTEM USING 
HINGE-TYPE ELECTROMAGNETIC 

ACTUATORS 
 
Photo 1 displays the miniature pump which consists of 
four serially arranged hinge type actuators shown in Fig. 
3. Here, each actuator is indicated as A, B, C and D 
from the left as shown in the photo. The peristaltic 
motion is generated on the tube by the sequential action 
of each actuator as shown in Fig.5. Then, the fluid is 
delivered from the right to the left in Photo 1. 
One cycle of pumping is illustrated in Fig.6. The flow 
rate is controlled by the modulation of cycle. The closed 
actuator keeps its position without electric power 
consumption and acts as a check valve. Counter 
sequence against the cycle in Fig.6 makes pumping 
action of counter direction flow. When all the actuators 
are in open position, the pump unit does not restrict the 
flow inside the tube. 
The maximum discharge pressure of the pump mainly 
depends on the pinching force of the hinge-type actuator. 
Figure 7 shows an example of FEM analysis of pinched 
tube. As the result of FEM deformation analysis, the 
required pinching force to make no clearance in the tube 
is estimated 5N for the tested silicone tube with inner 
tube diameter of 1mm, the wall thickness of 0.5mm 
under the inner pressure of 13kPa. This simulated force 
is experimentally confirmed by the leakage test as 
shown in Fig.8. A silicone tube pressurized at 13kPa is 
squeezed by a linear actuator, and the pinching stroke 

Photo 1 Electromagnetic pump unit 
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Figure 4 Electromagnetic latch mechanism 
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Figure 6 Peristaltic motion of elastic tube generated by the hinge-type electromagnetic actuators 
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squeezing of 1.2 mm in which the no leakage is 
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The dimensions of the actuator are determined to realize 
the required force and stroke against the inner pressure 
of the tube, using FEM magnetic field analysis. Figure 9 
shows the result of the FEM magnetic field analysis of 
the actuator. For the tested silicone tube, the actuator is 
required the force over 5N in whole range of the stroke 
by attraction due to the PM and coil. The shape of 
actuator and the size of the permanent magnet are 
optimized to satisfy the force – stroke characteristics 
shown in Fig.4 [2], [3].  



 
PERFORMANCE OF THE PROTOTYPE 

MINITURE PUMP 
 
Figure 10 shows the schematic diagram of a full-bridge 
electric circuit generally used for the electric driver of 
solenoid with the latch mechanism. A commercial 
product IC package having 4 full-bridge circuits inside 
is applied to the driver of the prototype miniature pump. 
Figure 11 shows the flow rate control characteristics of 
the prototype miniature pump, in which the drive 
frequency is determined by the reciprocal of the cycle. 
Tap water is used as working fluid. It is confirmed that 

the linearity of flow rate control is guaranteed in the 
range from 0.1 to 1.0 cm3/min, which satisfies the 
design requirement in Table 1. In the range above the 
drive frequency of 3 Hz, the flow rate becomes less than 
the approximate line representing the linearity. The 
reason of this divergence is considered that the 
proportion of releasing time due to the elasticity of the 
tube in the cycle becomes large, and then the restoration 
of the tube is not significant.  
The maximum discharge pressure of the pump is 
measured using the testing circuit shown in Fig.12. The 
pressure in the chamber rises up to the maximum 
discharge pressure during pumping. Figure 13 gives the 

Figure 11 Drive frequency – flow rate 
characteristics 
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Figure 13 Measurement of the max. discharge 
pressure 

Figure 12 Testing circuit for the maximum 
discharge pressure measurement 
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transient pressure in the chamber. The pressure saturates 
at 38kPa and suddenly falls to 35kPa. At the pressure of 
around 38kPa, the closing of the actuator becomes 
unstable because the spring load consisting of the 
elasticity of the tube and the pressure inside the tube is 
comparable with the pinching force. Therefore, the 
maximum discharge pressure is regarded as about 
35kPa. 
Electric power is supplied from 9V-type Ni-MH 
rechargeable battery cell (Output voltage: 8.4V) to the 
solenoid driver. Table 2 shows the continuous run time 
by full-charged battery. The full-charged battery runs 
the pump for 12 hours at the drive frequency of 3Hz 
continuously. It is sufficient performance for the 
portable intravenous drip infusion system. From the 
viewpoint of energy balance, the continuous run time is 
expected to be in inverse proportion to the drive 
frequency. However, it depends upon the electric 
performances of driver and controller. If those devices 
are not designed well, the continuous run time would be 
considerably reduced, because they continuously 
consume the electric power even when the actuator is 
not activated. In order to make the pump durable, the 
reduction of power consumption at those devices should 
be achieved. 
 

CONCLUSIONS 
 
The performance of the miniature pump consisting of 
the interchangeable flexible tube and the hinge-type 
electromagnetic actuators has been reported. The 
prototype pump (50mm x 28mm x 15mm) with the 
silicone tube of 2mm in diameter was manufactured. It 
covers the flow rate of 1.5cm3/min and has the 
maximum discharge pressure of 38kPa by the 
rechargeable battery cell (Ni-MH 8.4V) drive. The 
magnetic latch mechanism designed optimally is 
effective to reduce the electric power consumption. The 
prototype pump at drive frequency of 3Hz runs for 12 
hours continuously by full-charged battery cell. As the 
pumping action is achieved based on the open-loop 
sequence control of each actuator, the pump flow rate 
can be controlled without flow sensors proportionally to 
the drive frequency of the actuators. 
Feasibility consideration of application to the portable 
intravenous drip system for medical treatments has been 
carried out. It was confirmed that the prototype pump 
has sufficient performance for the target system. 

Furthermore, it will be applicable to the miniature pump 
system for sanitary/medical applications and the 
chemical analyzers. 
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ABSTRACT

In this paper we propose a delivery method for a PZT jet pump driven by repeated impulsive force of the actuator.
The pump is simple in construction being composed of only a piston-cylinder and a receiving hole, and it has no check
valves. The multilayer PZT actuator pushes the piston impulsively and the fluid in the cylinder is ejected out through
the nozzle forming a jet flow. The receiving hole that is placed facing the nozzle catches the jet flow and one way flow
can be obtained. Experimental works indicated that the driving frequency as well as the dimensions such as the
diameters of the nozzle and receiving hole was important to improve the pump performance. Moreover it was
recognized that while air bubbles were apt to be generated in the cylinder during the suction stroke they were exhausted
out of the cylinder at under a certain driving frequency.

KEY WORDS

Jet pump, PZT pump, Nozzle, Receiving hole, Air bubble

NOMENCLATURE

d1 : Diameter of the nozzle
d2 : Diameter of the receiving hole
D : Distance between the nozzle and the receiving hole
p : Pressure in the cylinder chamber
Qou t : Output flow rate
Qleak : Leakage flow rate
H : Output head
f : Driving frequency of the PZT actuator

INTRODUCTION

In this paper we propose a delivery method for a PZT jet
pump driven by repeated impulsive force of the actuator.
The principle of delivery is the same as a water pistol.
The pump is simple in construction being composed of a
piston-cylinder and a receiving hole. The multilayer PZT
actuator pushes the piston impulsively and the fluid in
the cylinder is forced to flow out through the nozzle
forming a jet. The receiving hole is placed facing the
nozzle and catches the jet flow. In this pump, the one
way flow is obtained using the difference of flow
patterns between the jet flow out of the nozzle and the
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Figure 2 Basic principle of jet pump

Figure 3 External view of the jet pump

which is covered by a lid with a nozzle hole. The pump
is in simple construction as shown.
To obtain the output flow, a receiving hole is installed at
the position facing to the nozzle, and a pipe is connected
to the receiving hole. The jet that flows out from the
cylinder chamber and flows into the receiving hole is an
output of the pump. In the cylinder wall under the piston
there is a small hole that makes the fluid go in and out
freely. This pump with the receiving hole is submerged a
little below the surface of the liquid.
Working principle
The working principle of the jet pump is as follows. The
PZT actuator expands rapidly when a rectangle wave
voltage is applied to it, and the fluid is gushed by the
piston through the nozzle. When the actuator is shrunk,
the fluid is inhaled through the same nozzle. When the
expansion and the shrinkage of the PZT actuator are
repeated at a high frequency, the flow through the nozzle
seems like a continuous flow. This is because the aspect
of the inlet flow is different from the outlet jet flow.
Then, a receiving hole is set at the position facing the
nozzle. One side of a pipe was shut and a small receiving
hole was made as shown in Fig.2. Fig.2 (a) shows that

Qleak

PipeP



Figure 4 Variations of output head with the driving
frequency of various nozzle diameters

when the PZT actuator rapidly expands the fluid goes out
of the nozzle forming a jet flow and passing into the
receiving hole. Fig.2 (b) shows the appearance that the
fluid in the vicinity of the nozzle exit flows toward the
nozzle when the PZT actuator shrinks. At this time,
though there is a backflow out of the receiving hole, the
total flow is directed to the output pipe, because the inlet
flow rate is more than the back flow rate. In a word, the
one way flow is obtained by using the difference
between how to flow through out or into the nozzle. As a
result, a pump without a check valve is realized unlike a
conventional diaphragm pump.
The tested jet pump
Fig.3 shows external view of the tested jet pump. The
parameters of this pump are as follows. The PZT
actuator has a size of 2×3×9mm, and it reveals an
elongation of 7.5 mµ in a long direction when the voltage
of 150V is applied. The aluminum disk bonded onto the
actuator is of 12mm in diameter and 4mm in thickness,
and it acts as a piston. The nozzle, the cylinder and the
receiving pipe were made of acrylics to make it easy to
observe the situation inside the cylinder. The hydraulic
oil was used as a working fluid. Different size of nozzles
(0.5, 0.8, 1.0, 1.2, 1.5 and 2.0mm in diameter) and
receiving holes (0.8, 1.0, 1.2, 1.5 and 2.0mm in diameter)
were prepared for experiments.
Although the pumping action is performed by the disk, it
is not sealed and there is a gap of about 0.05mm between
the disk and the cylinder. When the bubbles are
generated in the cylinder chamber and remain there, they
become obstructions of the pump operation. However,
these bubbles are apt to be exhausted outside the cylinder
chamber through the gap, and the continuous pumping
action becomes possible.

Figure 5 Variations of output head with the driving
frequency of various receiving dole diameters

EXPERIMENTS

When the PZT actuator is driven successively by a high
frequency rectangle wave voltage, a quasi continuous
flow occurs in the outlet pipe through the receiving hole
as shown in Fig.2 (a). Then this pipe was extended
upwards, and the height H of the oil column that rose up
in the pipe was measured. We changed the nozzle
diameter, the receiving hole diameter and the distance
between the nozzle and the receiving hole as parameters
of the pump, and also varied the driving frequency and
the duty ratio of the rectangle wave as parameters of the
driving condition. Then, we examined the relationship
between the output head and each parameter. The piston
diameter was 12mm and the driving frequency was
varied from 100 Hz to 1900 Hz by 100 Hz.
A high frequency piezo driver was used for driving the
actuator. The specifications of the drover are as follows;
maximum output voltage of 150 V, rated current of 200
mA and peak current of 600 mA.
Nozzle diameter d1
First, we carried out fundamental experiments varying d1
on condition of the receiving hole diameter d2 of 1.0mm,
the distance between the nozzle and receiving hole D of
2.0 mm and the duty ratio of 50 %. Fig.4 shows the results,
in which the highest value H of 2.2m was obtained at
f=1.5 kHz and d1=1.0 mm.
Then, another experiment was performed, where the
pressure sensor was installed facing the nozzle instead of
the receiving pipe. The strongest jet or propellant force
was recorded also at d1=1.0mm. It was thought that an
effective jet flow for the pump action was formed by the
nozzle of 1.0mm in diameter in case of the piston of
12mm in diameter.
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Figure 6 Variations of output head with the driving
frequency of various duty ratios

Figure 7 Variations of output head with the driving
frequency of various distances between nozzle and

receiving hole

Receiving hole diameter d2
Next experiment was to vary d2 on condition that
d1=1.0mm, D=2.0mm and the duty ratio of 50%. As
shown in Fig.5, the maximum H of 2.2 mm was obtained
at the same value of f=1.5 kHz and d2=1.0mm. Moreover,
the peak values of H appeared at the same frequency f=1.5
kHz for any values of d2. The best receiving hole
diameter was the same as the nozzle diameter of 1.0mm.
In this experiment, however, there was no output flow. It
seems that the receiving hole diameter influences not
only the output head but also the flow rate. So, the value
of d2 should be chosen after examining the characteristics
between the load and flow rate.

Table 1 Combination of parameters that gives a high
output pressure

Nozzle diameter d1 [mm] 1.0
Receiving hole diameter d2 [mm] 1.0
Distance between the nozzle and

receiving hole D[mm] 2.0

Duty ratio [%] 60
Driving frequency f[kHz] 1.5

Figure 8 Delivery flow rate

Duty ratio
We examined the height H varying the duty ratio of
rectangle wave on condition of d1=1.0 mm, d2=1.0 mm
and D=2.0 mm. The results are shown in Fig.6. Within the
duty ratio range from 20 to 60 %, the height H reached 2m
or more though there were a few differences in the peak
driving frequency.
The peak frequency tends to decrease when the duty ratio
increases. Because the suction time decreases as the duty
ratio increases, the result shows it is necessary to set the
ratio below 60 % and to keep a sufficient suction time.
Distance D between the nozzle and receiving hole
Finally we examined the head H with varying D on
condition of d1=1.0mm, d2=1.0mm, the duty ratio 50 %
and the driving frequency f=1.5 kHz. Fig.7 shows the
result. H reached 2 m or more when D is from 1.0 to 2.0
mm. The H decreased little by little when D parted from
the range. Moreover, when the receiving hole is located
near the nozzle, for example less than 1 mm, it becomes
an obstruction of the inhalation of the fluid.
The result in Fig.7 indicates that the output did not change
so much when D is from 1.0 to 2.0mm. That means the
accuracy is not necessary for positioning the receiving
hole. Therefore, the assembly of the pump can be
performed easily.
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Figure 9 Generation of a
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Figure 11 Pressure in the cylinder chamber without air
bubbles

Figure 12 Pressure in the cylinder chamber with and
without air bubbles

bubbles was observed and the following fact was found.
The generated bubbles were exhausted not through the
nozzle but through the gap between the disk and the
cylinder. When the characteristics of the pump were
measured in the preceding chapter, there was a feature that
height H decreased rapidly when the driving frequency
was raised higher than f=1.5 kHz. At a lower frequency
than that, even if bubbles were generated, they were
exhausted and the pumping action was kept stable. On the
other hand when the driving frequency was increased, the
bubbles did not pass through the gap between the disk and
the cylinder. The bubbles stayed inside the cylinder and
the pressure p could not increase. Therefore the jet flow
could not occur any more.

Air bubble



       Figure 13 Disk with two notches

Pressure in the cylinder chamber
The semiconductor pressure sensor was installed to
measure the nozzle back pressure as shown in Fig.10.
Fig.11, in which the pressure values represent the gage
pressure, shows the recorded result in case of the nozzle
diameter of 1.0 mm. The pressure reached the maximum
value of 0.7 MPa in 0.036 ms from the start of the actuator,
and the pump ejected the fluid during about 0.1 ms. After
that, the pressure decreased to -0.1MPa. The suction
process started before the actuator began to shrink.
Moreover, the pump continued to inhale and finished it in
about 0.17ms. The pressure decreased to -0.1MPa once
when the actuator shrunk. The recorded pressure
waveform reveals high frequency vibrations and
absolutely negative value. It is not a real pressure but a
vibration of the diaphragm of the semiconductor pressure
sensor.
Next, Fig.12 shows the pressure recorded in case that the
air bubbles stayed in the chamber. The ejecting pressure
decreased to about 60 %. When the bubbles were not
seen, the pressure has decreased to a negative level
before the actuator started to shrink. On the other hand,
in case that there exist air bubbles, the pressure
decreased only to 0 MPa. When the actuator shrunk, the
pressure became negative; however, the level was higher
than that measured without air bubbles. Therefore, when
a big air bubble is generated, it seems that not only the
jet flow but also the suction flow decrease. In other
words, the output flow vanishes because the internal air
bubbles repeat growth and disappearance. As a result,
how to exhaust the air bubbles inside the cylinder
becomes an important problem to improve the
characteristics of this type of pump.
Exhaust of the air bubbles
It seems that the gap between the piston and cylinder
should be small to obtain a strong jet flow. However,
considering the bubble generation and exhaust, it seems

Figure 14 Influence of the gap seal

also that a small gap is necessary there. Then, other
experiments were carried out for comparison. One was a
pump with two notches of about 0.5mm carved on the
cylinder wall as shown in Fig.13 to make the bubble
exhaust easily. The other was a pump with an O-ring to
seal the piston gap.
The results are shown in Fig.14. The output head of the
pump with the notch decreased by about 20% compared
with the pump without the notch. The air bubbles
appeared and stayed in the chamber as before at the
frequency higher than 1.6 kHz. In this method, it was
noticed that the pump was kept stable while the output
decreased a little. On the other hand, the output of the
pump with an O-ring decreased remarkably. It has been
understood that the existence of the gap was important.

CONCLUSIONS

In this paper, a jet pump driven by impulsive force of a
PZT actuator was proposed. The pump has no check
valves and so it is simple in construction. Basic
characteristics of the pump were studied experimentally
concerning the pump parameters and the driving
conditions. The air bubbles generated in the cylinder
chamber considerably affected the performance of the
pump. Future research will involve a design to easily
exhaust air bubbles and also to improve the efficiency.
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ABSTRACT 
 
A resin-made-bellows pump is used practically as a chemical pump application. Its discharge pressure is low as 0.1MPa 
in general; therefore, its applicable fields are limited. In order to make the pressure higher, we developed a metal 
bellows pump driven by an electromagnetic reciprocating actuator for various industrial applications with the pressure 
of over 10MPa and non-leakage performance. As the pressure becomes higher, larger output force is required to the 
actuator. The developed electromagnetic actuator can drive the bellows by reciprocating motion in the stroke of 1mm 
with the maximum output force of 1400N. However, the high-speed motion of the actuator by the armature position- 
and velocity-sensorless control makes issue that the armature collides hard with the stator and generates the noise and 
vibration. In this paper, the motion control method to reduce the mechanical collision in the actuator without position- 
and velocity-sensors is presented. 
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NOMENCLATURE 
 
E : Voltage supplied from electric power source 
f : Driving (reciprocating) frequency 
Fmag : Electromagnetic attractive force 

of the actuator 
g : airgap between armature and stator 
i : Current flowing through coil 
L : Inductance of coil 
P : Discharge pressure of the pump 
Q : Flow rate 
R : Resistance of coil 
S : Sound pressure level 

x : Displacement of armature. 
η : Volumetric efficiency 
λ : Magnetic flux linkage 
 

INTRODUCTION 
 
A bellows pump has advantages in application to 
apparatuses which allow no leakage because of its 
non-leakage structure. Due to the limitation of 
mechanical strength of bellows material, the applicable 
fields of a bellow pump are generally limited in low 
pressure application such as semiconductor 
manufacturing, medical and chemical processes using 



pressure range of 0.1 ~ 1MPa. By improvement of 
discharge pressure up to 10 MPa and over, the 
applicable fields of bellows pump would be expanded to 
various applications such as a direct fuel injection pump 
for automobile and a pump for very low viscosity fluid, 
and so on. In recent years, the metal bellows having 
enough mechanical strength for high pressure inside the 
bellows was developed. Photo 1 shows an example of 
metal bellows. It has flexibility in axial direction and 
moreover restricts expansion in radial direction against 
high inner pressure. Owing to the development of metal 
bellows for high inner pressure, the improvement of 
bellows pump for higher application is progressing. 
In this paper, a metal bellows pump driven by an 
electromagnetic reciprocating actuator for  various 
industrial applications with the pressure of 10MPa and 
non-leakage performance is developed. The motion 
control method to reduce the noise and vibration  
without sensors is presented. Furthermore, it is indicated 
that this method is also effective to power-saving drive. 
 

DRIVE MODE OF BELLOWS PUMP 
 
Electromagnetic drive mode to expand /contract the 
bellows is generally categorized to either of two 
methods; one is the rotary type in which rotation of 
motor is transformed to reciprocating motion by a cam, 
the other is the linear type using linear or reciprocating 
actuator. The rotary type is suitable for large flow 
discharge using the multiphase cam to activate bellows 
several times in one rotation cycle. It also generates 
smooth motion of the bellows easily, using appropriate 
cam profile. However, it needs motion transforming 
elements such as a cam, cam-follower and bearings, and 
so on. In case of the direct flow control, the rotational 
speed control of the drive motor is required. On contrary, 
the linear type has merit of simple structure and is easy 
to control flow rate by the reciprocating frequency 
control of linear actuator. However, it is required high 
speed reciprocating for large flow discharge and is also 

required large actuator force compatible to high 
discharge pressure. 
As described above, both drive modes has strong points 
and shortcomings. In this paper, the linear type is 
adopted for the drive mode of bellows pump because of 
its simple structure and easiness of flow rate control. 
 

METAL BELLOWS PUMP DRIVEN BY 
ELECTROMAGNETIC RECIPROCATING 

ACTUATOR 
 
A prototype electromagnetic reciprocating actuator with 
the maximum thrust force of 1400N and the stroke of 
1mm is manufactured. The maximum thrust force is 
compatible to the pressure of 5 MPa which is upper 
limit of inner pressure of the bellows used in the 
prototype pump. 
Figure 1 and Fig. 2 show the configuration of the 
bellows pump and electric circuit of actuator driver, 
respectively. Alternate energizing of the coil “A” and 
“B” generates reciprocating motion of the armature “A” 
and “B”, which are connected by the rod through the 
center hole of the stator, and then the bellows units 
located at the both side of the actuator expand and 
contract. The armature is centered by the restitutive 
force of the bellows when non-energizing of the coil. 
The flow direction is controlled by the reed valves on 
the each bellows unit. The flow discharged from the 
each bellows unit join in the pump body, and then flow 
out to the outside. Table 1 shows the specifications of 

Bellows

Fig.1 Metal bellows pump driven by an 
electromagnetic reciprocating actuator 

Reciprocating 
actuator 

Reed valve

Load

Photo 1 Metal bellows 



 
 

the bellows used in the pump. 
When the armature is located at a distance of x from the 
stator, the electromagnetic attractive force at the coil 
current i is roughly estimated by the following equation 
[1]. 
 

  
dx
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The inductance L is assumed the function of x and given 
by 
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where, k1, k2 and k3 are constants determined by the 
shape of the armature and stator and the turn number of 
the coil. In case of very small radial clearance between 
the armature and stator, k3 is negligible. Consequently, 
the electromagnetic attractive force is expressed by 
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where, the minus sign indicates that the force tends to 
decrease the airgap. Thus, the electromagnetic attractive 
force is in inverse proportion to square of the airgap. As 
k1/k2 is proportional to the cross-sectional area of the 
magnetic pole at the airgap, an auxiliary flange shown 
in Fig.3 contributes to strengthen the magnetic force.  
Actual magnetic material has nonlinearity in its 
magnetization characteristics. The leakage and fringing 
of magnetic flux flow should be also considered. As Eq. 
(3) is insufficient for detail design of the 
electromagnetic actuator, FEM electromagnetic field 
analysis is applied to the design of the electromagnetic 
circuit of the actuator. A half of the actuator is enough to 
the analyzed area, as shown in Fig. 3, because of its 
axis-symmetry. The armature has an auxiliary flange 
which improves about 20 % higher in the 
electromagnetic attractive force, compared with the 

armature having no auxiliary flange. Figure 4 depicts an 
analytical result of the magnetic flux flow in the 
actuator. It is confirmed that the magnetic flux flow 
passes air gaps at both the main core and the auxiliary 
flange effectively. The dimensions and specifications of 
the actuator are determined to have enough force in 
whole stroke against the discharge pressure of 10MPa. 
However, due to the limitation of the metal bellows 
used in the pump, the pump is driven under the pressure 

Table 1 Specifications of bellows 
Material Stainless steel 
Outer diameter 20 mm 
Inner diameter 14 mm 
Number of convolution 20 
Normal length 43.1mm 
Actuating length 42.5mm (expand) 

41.5mm (contract) 
Allowable inner pressure Over 5MPa 
  

Fig.2 Conventional electric driver 
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Fig. 3 Magnetic circuit of reciprocating actuator 

Main flux flow path 

Auxiliary flux flow path 

Analyzed area 

Auxiliary Flange 

Fig. 4 Magnetic flux flow in reciprocating actuator 
calculated using FEM magnetic field analysis 



of 7MPa in the performance testing described bellow. 
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Fig.5 Fundamental characteristics of the bellows pump

The coil is energized by conventional solenoid drive 
method shown in Fig. 2. The electric pulse with constant 
voltage is supplied to the coil when the FET is activated. 
The electromagnetic energy gradually disappears 
through the flywheel diode. 
The pump has the non-contact displacement sensor just 
for the measurement of the armature position in 
experiment, which is not used for position or velocity 
control. Then, the reciprocating motion of the actuator 
synchronizes with the alternating energizing of the coils. 
 
FUNDAMENTAL CHARACTERISTICS OF THE 

BELLOWS PUMP 
 
Figure 5 shows the fundamental characteristics of the 
prototype bellows pump. The flow rate is proportional 
to the reciprocating frequency of the actuator, but is 
gradually decreased due to the decrease of the 
volumetric efficiency when the discharge pressure 
increases. This decrease arises from the bellows 
structure. The effort to reduce the dead volume in the 
bellows chamber has been achieved, but it is difficult to 
eliminate the dead volume completely in the folds of the 
bellows. Therefore, the volumetric efficiency tends to 
decrease in high pressure. Moreover, the bulging of 
each fold of the bellows under the high pressure reduces 
the pump performance [2]. 
 

REDUCTION OF NOISE AND VIBRATION BY 
MOTION CONTROL REFERING CURRENT 

WAVEFORM OF COIL 
 
The collision between the armature and stator at the 
stroke-end generates large noise when the actuator 
reciprocates fast. Because the electromagnetic attractive 
force under the constant current of the coil is 
proportional to the square of the air gap between the 
armature and stator, the excessive attractive force acts 
on the armature at the position just before collision in 
which the air gap is almost zero at the maximum current. 
Some methods are effective to reduce the collision. The 
armature position sensing using a displacement sensor 
makes it possible to speed down the armature. However, 
the position sensorless control is preferable from the 
viewpoint of robustness of the pump. The insert of a 
thin elastomer sheet between the armature and stator is 
also effective, but is accompanied with the stroke 
fluctuation due to the fatigue of the elastomer and the 
force reduction due to the increase of magnetic air gap 
for the thickness of the elastomer. 
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Fig.6 Additional circuit for contacting shock reduction

In this paper, a position sensorless control is proposed 
for the reduction of collision shock. By detection of the 
actuator motion at the modified electric driver, the coil 
current is shut off just before collision. The modified 
electric circuit is depicted in Fig.6. In the modified 
electric driver, the differentiators to detect the change of 



the coil current are inserted to the conventional circuit 
shown in Fig.2. 

(a) Conventional drive  (b) Colliding shock reduction
Fig.7 Schematic diagram of electric current waveform 
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As to the magnetic circuit with the coil energized by the 
voltage supply E, the voltage equation of the actuator 
driver with moving armature is given by; 
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where, λ is the flux linkage of the magnetic circuit. The 
term L(di/dt) is the self-inductance voltage term, and the 
term i(dL/dx)(dx/dt) is the speed-dependent voltage term 
which represents the back-EMF: electromotive force 
generated by the armature motion [3]. The armature 
displacement x is correspondent to the air gap g between 
the armature and stator. Assuming linear magnetic 
property, the inductance L varies with the armature 
displacement x, and given by Eq. (2). 

Differentiator 

Comparator with hysteresis 

Coil current waveform 

Differentiated coil current 

Pulse command for 

FET-shutting off 

Fig.8 Conceptual diagram of analog signal 
processing for FET-shutting off 

Owing to the effect of the speed-dependent voltage term, 
the typical current waveform of the coil has a peak as 
shown in Fig.7 (a). The point “B” indicates the collision 
between the armature and stator. The change of slope 
from rising to falling around the mark “A” is detected as 
the resultant of high speed motion of the armature just 
before collision. The peak point of the current is 
detected as the point in which the sign of differentiation 
of the current. As shown in Fig.7 (b), shutting off the 
FET at the mark “A” reduces the shock of collision 
because the armature moves due to its inertia and the 
electromagnetic attractive force falling by the 
recirculation of the current through the flywheel diode. 
The sign of differentiation of the current is distinguished 
using the hysteresis comparator which has robustness 
against the electric noise. Figure 8 shows the flow of 
analog signal processing to generate the pulse signal for 
FET-shutting off. The shutting off timing of the FET is 
delayed suitably by control the hysteresis. 
 

TESTING OF REDUCTION OF COLLISION 
BETWEEN ARMATRURE AND SATATOR 

 
For shutting off the FET just at the current peak, di/dt=0, 
the reciprocation of the actuator can be achieved under 
the pressure of 5 MPa, but falls into unstable above the 
pressure due to the lack of attractive force acting on the 
armature against the pressure. In order to make the 
reciprocation stable above the pressure of 5MPa, the 
shutting off point of the FET is shifted to the middle of 
downward slope before the point “B” in Fig. 7(a) from 
the peak, di/dt<0, by tuning of the hysteresis in the 
comparator. Figure 9 shows the measured coil current 
and the output of the differentiator. 
Figure 10 shows the sound pressure level measured at a 

distance of 1m from the pump. Noise reduction during 
the pump working is confirmed. The noise is reduced 
about 4dB in whole pressure range. 



 
POWER-SAVING DRIVE OF 

ELECTROMAGNETIC RECIPROCATING 
BELLOWS PUMP 

 
The noise reduction method described above also has an 
advantage of reduction on electric power consumption. 
In the conventional drive method shown in Fig.7 (a), the 
electric power consumption at the coil continues after 
the collision until the next motion is arisen. On contrary, 
in the noise reduction drive shown in Fig.7 (b), no 
electric power is consumed at the coil after the collision. 
Since the pumping action is completed before shutting 
of the current, this method does not influence the 
pumping action, and effective to the power saving drive, 
particularly low frequency reciprocation with long-term 
interval. 
 

CONCLUSIONS 

Fig.10 Comparison in sound level 
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The bellows pump for high pressure applications is 
developed using the metal bellows and the powerful 
electromagnetic the electromagnetic reciprocating 
actuator. The position-sensorless control for noise 
reduction at the collision between the armature and 
stator is proposed. It is confirmed that the noise 
generated by the actuator reciprocation is reduced about 
4dB in whole pressure range. Furthermore, it is 
described that this control method is simple and 
effective to reduction of electric power consumption. 
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Photo 2 Prototype metal bellows pump driven by 

reciprocating actuator 
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APPENDIX 
 
The prototype metal bellows pump driven by the 
reciprocating actuator is shown in Photo 2.  
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ABSTRACT

Due to the high cutting speeds and depths of modern milling machines vibrations are generated within the whole
machine structure. These vibrations lead to a poor machined surface and an additional load for all machine
components. Within the collaborative research centre 368 “Autonomous Production Cells”, IFAS is involved in the
development of an active spindle bearing unit which is capable of damping vibration without reducing milling
efficiency [7].

The special layout of the “three cavity ring” results in a high dynamic and stiffness, little need for space and a
possible displacement of five tenth of a millimetre. A zero-leakage design is very important for the performance of
the actuator. Reducing the leakage of the actuator will increase the dynamic and stiffness of the drive.

Using a micro controller for controlling the bearing unit leads to a decentralised system with local intelligence, that
can be integrated into a milling machine.

KEY WORDS

active hydraulic damping, chatter control, high stiffness and dynamic, piezo servovalve, spindle bearing

INTRODUCTION

High metal removal rates are a main goal of cost-
effective manufacture and can be achieved by means
of high cutting speeds, high feed rates and a suitable
cutting depth. Unfavourable cutting conditions may
cause chattering of the milling tool, which leads to
poor surface quality on the workpiece and possibly
even to tool breakage. Variable speed or active
damping of the milling machine spindle represent
possible solutions, which may be implemented in
order to achieve a higher metal removal rate while

maintaining a stable process. The goal is to change
the energy state of the whole oscillating system in
order to bring the chattering milling process back to a
stable state. An active spindle bearing concept is
being pursued at IFAS and is described below.
Apart from piezo ceramics and magnetic bearings,
other possible candidates for the actuator technology
for active bearing systems are hydraulic servo-
systems. The high force density and the acceptable
stroke distinguish the hydraulic systems from the
other alternatives. In addition to this hydraulic drives
are easy to control.



CHATTERING

Nowadays the metal removal rate of milling machines
is not limited by the motor capacity, but by self-
induced vibrations of the whole machine structure,
which are called chatter vibrations or chattering. As a
result of the milling process every milling machine is
deformed by the cutting forces. The grade of
deformation is dependent on the static and dynamic
stiffness of the structure of the milling machine.
Exceeding the maximum cutting depth generates self-
induced vibrations with high amplitudes, which lead
to a poor surface quality of the machined workpiece
(Figure 1) according to the eigenfrequency of the
milling machine. Repeated machining of this bad
surface results in a dynamic excitation of the milling
machine structure. Therefore the second cut causes
unsteady cutting forces, which excite a self-induced,
regenerative vibration [8]. As this vibration is an
additional load for the tool and the machine it can
even cause tool breakage and that is why it needs to
be reduced and cushioned.

Figure 1 Regenerative chattering

Another type of self-induction takes place in coupled
systems. At least two orthogonal eigenfrequencies are
that close to each other that their vibrations interact
and excite the other system [2]. Figure 2 shows the tip
of a milling tool, which stands for an oscillating
system with two degrees of freedom, cutting into a
workpiece.
In opposition to the regenerative effect the locality
coupling can cause chattering with the first cut into
the unmachined workpiece and does not need a badly
machined surface. There are further reasons for the
excitation of chatter vibrations, but they are not that
relevant for milling machines because of the high
cutting speeds. One main characteristic of chattering
is, that it is not dependent on the rotational speed of
the machine.

Figure 2 Locality coupling

To maintain a stable milling process, these vibrations
need to be sensed, identified and controlled and thus
eliminated. Therefore the self-induced vibrations need
to be separated from the separate-excited vibrations,
like the vibration, which is caused by the first contact
of the cutting edges of the milling tool with the
workpiece. After identifying the chatter vibrations a
suitable principle for reduction needs to be
implemented. Normally the cutting depth, the cutting
speed or the rotational speed is reduced, which
reduces the metal removal rate of the machine.
But in case of the active spindle bearing, which is
developed at IFAS, the front bearing of the spindle is
controlled and seated hydraulically to provide high
forces for the milling process. The oscillating
deformation of the milling machine geometry is
compensated by the oscillation of the spindle bearing
system. Without reducing any of the basic cutting
parameters, the metal removal rate can be maintained
at a high level.

THE DESIGN OF THE ACTUATOR

According to the restrictions for the layout of machine
tools the most important design features for the active
spindle bearing are high static and dynamic stiffness,
low need for space, a leakage-free principle and, to
compensate the deformation of the headstock, a
possible displacement of ± 0.5 mm.
The conventional spindle bearing system consists of
two angular ball bearings in the front of the spindle,
that are preloaded in an O-arrangement, and a
preloaded angular ball bearing in the rear. The active
spindle bearing device also uses the conventional
bearing in the rear of the spindle. Whereas the
conventional bearings in the front are fitted into an



active bearing ring. The bearing ring is designed as a
“three-cavity ring” (Figure 3) to achieve a better
homogeneity of the forces on the perimeter.
The active ring is controlled by three sickle-shaped,
hydrostatic cavities which are pressurized by three
servo-valves – one for each cavity. The possible
displacement out of the center of the active bearing
ring needs to be ± 0.5 mm. The enclosure contains
also three hydrostatically balanced sealings, which

separate the space between the enclosure and the
active ring into the three cavities. These sliding pads
are arranged on the perimeter with an angle of 120°
between each other. To maintain a constant gap
between sliding pad and active ring and to prevent the
pad from loosing contact with the ring, four springs
and a constant pressure are applied to the back side of
the pad.

CHIRON
machine tool

bearings in
O-arrangement

preloaded spindle
bearingactive ring hydrostatical bearingpiezovalve

position
sensor

hydrostatically
balanced
sealing

Figure 3 Principle of the active spindle bearing

Beneath the control of the radial position of the active
bearing ring, the ring needs to be seated axially in the
enclosure. Therefore three hydrostatic pockets are
implemented on each side of the active ring to carry
both, the cutting forces during the milling process and
the weight of the spindle. Furthermore this axial
bearing reduces the friction for any radial
displacement.
Three piezo-electrically driven servo-valves, which
have been developed at IFAS for this purpose, can be
used to set the pressure in the cavities [4]. The valves
are illustrated more exactly below. As the spindle and
the valves are both prototypes, it is not recommended
to test all prototypes in one test arrangement. This
would only result in numerous repairs and the project
might lose its focus. It is therefore legitimate to
separate the prototypes in order to solve specific
problems separately. For this reason, the spindle unit
is driven by conventional and well-tested MOOG
servo-valves whereas the piezoelectric servo-valve-
prototype is tested in another arrangement. Since the
stiffness and thus the hydraulic eigenfrequency of the
drive is much higher than the dynamic of the valve,
faster valves will increase the drive performance.

The large piston area of the ring segment and the low
dead volume result in a calculated radial stiffness of
8000 N/µm for the hydraulic bearing, which
corresponds to 30 times the stiffness of the used ball
bearings. The high stiffness causes a high
eigenfrequency of the drive thus the slower valves
limit the dynamic of the drive. For this reason a
simple single loop controller suffices to control the
position of the active ring [6].
The current position of the active bearing ring is
determined by the position of the sliding pads. Three
sensors, which operate according to the eddy-current
measuring principle, are aligned to the back sides of
the sliding pads and detect their positions. The eddy-
current sensors were also developed specifically for
this purpose at IFAS.
The principle of a hydrostatic bearing comes along
with an unavoidable leakage. Because of this, in
addition to the position control of the bearing ring, the
pressures in the three cavities need to be regulated.
Therefore a pressure sensor measures the pressure in
each of the working cavities.
Because of the large piston areas of the hydraulic
cavities force is lead smoothly and evenly into the
bearing ring. Figure 4 shows the active spindle



bearing built into the headstock of a CHIRON milling
machine.

Three-cavity-
ring

Chiron-
headstock

spindle

servo-valve

Figure 4 Photograph of the active spindle mount

PIEZOELECTRIC SERVO-VALVE

The piezoelectric servo-valves are used for
pressurizing the three cavities of the active bearing
ring. In order to control the chattering, high cut-off
frequencies (-3dB) of up to 500 Hz in the small-signal
range are required. As the hydraulic system of the
active spindle is a very fast-responding one, the
dynamic of the system is limited by the servo-valves
and therefore servo-valves with high cut-off
frequencies become key components.
High quality servo-valves are mostly pilot controlled
and have a high level of dynamic behavior as well as a
high accuracy in positioning the main spool, because
of the spool position feedback [4].
Figure 5 shows a sectional view of the piezoelectric
servo-valve, that was developed at IFAS. The pilot
section of the servo-valve is designed as a flapper-
nozzle system. The spool is moved by modifying the
control pressures on the end faces of the spool.
The pilot section is supplied via the hollow main
spool, which also houses the constant nozzles for the
pilot section. The two flapper-nozzle units, which are
permanently connected to the piezoelectric bending
actuators, create the variable nozzles, which set the
control pressures.
A piston with a diameter of 1 mm on the back side of
the piezoelectric unit compensates the static force of
pressure on the front side of the actuator. In this way
only the pulse force of the flow against the flapper has
to be overcome during movement of the main spool.

Figure 5 Sectional view of the servo-valve

In order to achieve a maximum pressure difference on
the faces of the spool and therefore a maximum force
for the movement, both bending actuators are always
driven in opposite phases.
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Figure 6 Frequency response of the valve spool in the
position control circuit

The displacement transducer, which is based on the
eddy-current measuring principle, is required for the
subordinate position control loop and is integrated
into the valve spool. The end faces of the spool are
reduced by stoppers, that house the electrical
windings for the displacement transducer. The
reduced faces limit the force acting on the spool as
well as the required pilot flow to move the spool. The
diameter of the stoppers can be modified in order to
meet the specific restrictions [4].
The spool valve travels ± 1 mm and the nominal flow
rate is 44 l/min. The pressure signal function of an



initial prototype version was measured and indicates a
gradient of 4000 bar/mm at zero point and is similar
to the gradient of high-quality servo-valves. The gain
in volume flow is about 80 l/min/mm [4]. Figure 6
shows the closed-loop frequency response of the
valve with a position-controlled spool. An analog PI
controller was used to close the loop. The cut-off
frequency (-90°) was measured at about 550 Hz with
20 % amplitude.

CHARACTERISTICS OF THE HYDRAULIC
DRIVE
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Figure 7 Dynamic of the drive

Figure 7 shows a satisfying dynamic behavior of the
drive of the active ring in a bode-plot of the closed-
loop step response for various signal levels. It is
examined while an analog PI-controller closed the
position-control loop and conventional servo-valves
(approximately 200 Hz cut-off frequency) were
applied to the drive.
The cut-off frequency (-3dB) is reached within
200 Hz and the –90° of the drive reaches 120 Hz at
low signal level. This shows, that the drive dynamic is
close to the valve dynamic. It does not totally reach
the valve dynamic because with the small cavities,
which are used for the drive, even the smallest
unavoidable leakage leads to a pressure drop in the
cavity. Therefore the valve-spool has to open further
than the controller signal requests in order to
pressurize the cavities satisfactorily [1].

-

absolute spindle position

headstock
acceleration 

headstock position

target
position

1/A

headstock
velocity

active ring
mech. coupled
spindlevalvecontroller

D-DT2

approximation

Figure 8 Position control with feed-forward control

As the drive is of a higher dynamic than the valve, the
valve dynamic limits drive performance. If the system
were linearly approximated, it could be characterized
by a series of a servo-valve with a PT2-characteristic,
an integrator (I), the active bearing ring itself (PT2)
and the spindle, fixed to the ring via the conventional
bearings (PT2). Reducing this complex system down
to a PT2-I does not affect the system dynamic in the
range where it is normally driven. This is because the
transmission behavior of the active ring and the
spindle-bearing-arrangement can be approximated by
proportional elements (Figure 8). Their
eigenfrequencies are by far higher than the dynamic of
the remaining system. Sensing the acceleration of the
headstock and filtering the signal through a D-DT2-
filter before adding it to the controller output could
eliminate the influence of the headstock movement by
means of a feed-forward control. This is because the
filtered headstock-position and the control path (valve
à cylinder à mechanic) show an inverse
characteristic to one another.
SUPPORTED FURTHER DEVELOPMENT BY

MEANS OF SYSTEM SIMULATION

While the prototype of the active spindle bearing is
investigated, the drive is also analysed within the
simulation environment of DSHplus [3]. The
simulation of the drive is a first important step to gain
experience with dynamic behaviour of the drive. In
figure 9 the simulation model of the active unit is
introduced. For the simulation of the three-cavity-
ring, which is not part of the library of DSHplus, the
movement of the active ring is limited to one
coordinate and simulated as a standard cylinder drive.
Thus chamber 1 is supplied by valve 1 (3-3-way-
servovalve), whereas chamber 2 is supplied by valve
2 and valve 3 one half each. The current value of the
position of the active ring is compared to the target
value and the resulting control deviation is causing a
input signal for valve 1 and multiplied with “-0.5” for
valve 2 and valve 3. By this an excitation in vertical



direction is approached (figure 3). The pressure
source supplies a system pressure of 200 bar. The
displacement of the drive is controlled by a simple
proportional controller. The valves are parameterised
according to the manufacturers data, the cylinder and
the remaining elements according to the design data.
Line lengths and other capacities have similar
dimensions as within the real part.

Q3

Q2

Q1
limit

set

set_inv

-0.5

input signal control
deviationcontroller

current
value

target
value

sum1

+target

ring2

spindle

1 2
ring

ball bearing

chamber 2

chamber 1

system pressure
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pressure source

simplified
three-cavity-ring

1 2

valve 1
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Figure 9 The three-cavity-ring as a model in the
DSHplus environment

Working with a simulation tool gives the opportunity
to evaluate modifications of the drive, without
modifying the prototype. In spite of the fast results
using the simulation environment, results cannot be
adopted offhand, but need to be investigated on the
prototype afterwards [5].

CONCLUSIONS

A high-dynamic three-cavity hydraulic cylinder drive
is presented in this paper. It shows promising dynamic
characteristics in the test-arrangement and will be
investigated during a real milling process to prove its
ability to damp chatter vibrations.
Another final goal will be to test the combination of
feedback and feed-forward control to overcome
chattering during milling operations. With all software

and controller-design being tested good, the controller
will be implemented on a microprocessor to enable
the active spindle bearing system to remove chattering
from process independently – as necessary for an
autonomous production cell.
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ABSTRACT 
 
A hydraulic breaker for construction machinery generally used for the destroying and disassembling of buildings, 

crashing road pavement, breaking rocks at quarry and so on. So the measurement of the impact energy of a hydraulic 
breaker is very important thing to prove its capability to manufacturers and customers. In this study, the test system for 
measuring the impact energy of a hydraulic breaker was designed and constructed. The test system was consisted with 
hydraulic cylinders for mounting a breaker, impact absorbing base and frames, pressure and flow sensors, high speed 
and accurate data acquisition system, diesel engine driven hydraulic power pack and etc. The test process of the 
developed system was carried by measuring guide for tool energy rating for hydraulic breakers which was developed by 
the CIMA (Construction Industry Manufacturers Association) USA. The developed test system can be applied to 
measure the impact energy for various kind of hydraulic breakers.  
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NOMENCLATURE 
 
At : Cross-sectional area of the test tool at strain gage  

assembly location 
CF : Correction factor from static calibration  
Ei:: A single blow impact energy of the tool 
Et : Young's modulus of the test tool material 
fi : Blow frequency 
H : Distance between the strain gage assembly and the  

tip of the test tool 
k : Gage factor (must be the same for all active gages) 
Ka : Amplification factor of the amplifier (Ka =1 ,if  

amplifier not used) 
Lp : Length of the piston 

tρ : Mass density of the test tool material 
Pin : Total hydraulic input power   

Ps : Hydraulic supply line pressure 
Pr : Hydraulic return line pressure 
Qi : Breaker inlet oil flow 
T : Operating oil temperature 
t : Time 
t1 : Starting time of integration 
tn : Ending time of integration 
∆ti : Integration interval, ∆ti  = (tni - tli) 
U : Bridge output voltage 
UB : Bridge supply voltage 
εi : Measured strain 
v : Oil kinematic viscosity 
 

INTRODUCTION 
 

A hydraulic breaker for construction machinery 



generally used for the destroying and disassembling of 
buildings, crashing road pavement, breaking rocks at 
quarry and so on. A hydraulic breaker is composed of 
cylinder, piston, valve, back head, chisel and power cell 
and these components are fixed by bracket. The section 
view of the general structure of a hydraulic breaker is 
shown in Figure 1. 

 
 

Figure 1 General structure of a hydraulic breaker 
 

A hydraulic breaker blows an object using kinetic 
energy that is transferred by impacting chisel with 
reciprocating piston via hydraulic power from an 
excavator. So the measurement of the impact energy of 
a hydraulic breaker is very important thing to prove its 
capability to manufacturers and customers. But a 
hydraulic breaker is operated by very large kinetic 
energy, so that the accurate measurement of impact 
force has been considered too difficult problem.  
 In this study, the test system for measuring the impact 
energy of a hydraulic breaker was designed and 
constructed. The test system was consisted with 
hydraulic cylinders for mounting a breaker, impact 
absorbing base and frames, pressure and flow sensors, 
high speed and accurate data acquisition system, diesel 
engine driven hydraulic power pack and etc. In addition 
the process of measuring impact energy and the 
consideration of the test result was discussed.[1][2][3] 

 
DEVELOPMENT OF TEST SYSTEM 

 
 The test system, shown in Figure 2, was developed to 
evaluate the impact energy of hydraulic breakers. As 
shown in Figure 2, the developed test system holds a 
breaker by 4 hydraulic cylinders and can evaluate the 
impact energy for various sizes of breakers by adjusting 
the stroke of 4 hydraulic cylinders. In addition to, the 

developed system has another hydraulic cylinder on the 
upper part of it to regulate blowing angle in testing.   
Target base was constructed with accumulating 

vibration isolating materials like as sands, broken stones, 
trees and rubbers after 5m depth foundation work to 
absorb shock and vibration at blowing. The schematic 
diagram of the target base is shown in Figure 3. 
Hydraulic power for operating breaker is supplied by 

tandem pump that has maximum rated supply flow rate 
580LPM and maximum rated supply pressure 450bar. 
The tandem pump is driven by diesel engine to realize 
similar operating condition of excavators. The tandem 
pump and diesel engine that was equipped in the 
developed test system are shown in Figure 4. 
 Data acquisition equipment has above 125 kHz cutoff 
frequency and 4 MHz sampling frequency to detect 
shock wave accurately. The data acquisition equipment 
is controlled by real time operating system and software 
was developed to carry test process automatically.[5] 
 Pressure, turbine type flow and temperature sensors are 
used for monitoring the status of test system and breaker 
and measuring parameters to evaluate impact energy.   
Data acquisition equipments are shown in Figure 5 and 
the schematic diagram of the hydraulic circuit of the test 
system is shown in Figure 6. 
 
 
 

 
 

Figure 2 Mechanism of test system 
 



 
 

Figure 3 Target base of test system 
 

  
 

Figure 4 Hydraulic power unit of test system 
 

 
 

Figure 5 Data acquisition equipment of test system 
 

IMPACT ENERGY EVALUATION 
 

 The developed test system evaluates the impact energy 
of hydraulic breakers, after measuring the strain of 
chisel with strain gauge.[4] Strain gauge attached test 
tool is shown in Figure 7.[6][7]  
To evaluate the impact energy of a hydraulic breaker, 

we have to proceed as following process. 
 Single blow impact energy can be calculated from the 
measured strain using the equation (1) and this can be 
derived by elastic strain energy method for an impact 
loading. 

 
Figure 6 Schematic diagram of test system 
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The integration interval t1through
or each measurement to identify and isolate the effect 

of the hydraulic breaker static preload on the test tool 
strain and to prevent accumulation of stress from the 
next pulse or reflected stress wave. 
The 25 energy measurements must be recorded in a 

steady state operation with test breaker’s specifications.  
The 25 measurements can be divided into sets of 5 

consecutive blows minimum. Each measured energy 
value shall be within ±10% of the average value 
calculated in final tool impact energy. Final tool impact 
energy can be calculated by equation (2). Energy values 
out of this range must be disregarded and measurement 
shall be taken again. Total output efficiency can be 
calculated by equation (3). 
 

∑
=

=
25

125
1

i
iEE      (2) 

QPP
fE

rs
tot ⋅−

⋅
=

)(
η     (3) 

 The complete measuring equipment and installation
 
 

must be calibrated by comparing the strain εmeas 
calculated from the measuring equipment output voltage 
with the calibrated force Fcal applied on the test tool and 
measured by a calibrated load cell. Calibration will be 
carried out by compressing the test tool (without 
breaker) against a force transducer (load cell) for 
example in a hydraulic press. Correction factor CF can 
be calculated by equation (4). 
 

 



CF
Fcal

meas
=
ε

     (4) 

 

Figure 7 Strain ga  attached chisel 

TEST RESULT 
 

etection of the Shock Wave 
impact energy strain is

 
 
uge
 
 

D
 The detected shock wave of  
shown in Figure 8 and the test result of blow frequency 
is shown in Figure 9. The integration limits t1 through tn 
must be defined for each pulse to identity and isolate the 
effect of the static preload of the breaker on the test tool 
strain and to prevent accumulation of the strain from the 
next pulse. Before impact, the test tool will begin to 
unload due to recoil of the hydraulic breaker body. Time 
t1 must be measured in this region of the curve. The 
baseline of integration will be taken at the point t1. The 
last time recorded, tn, for each pulse, must be separate 
and distinct from the next pulse or reflected stress wave. 
Time tn should be measured at the point where the pulse 
curve becomes negative in relationship with the baseline. 
Integration will stop when the curve reaches the same 
strain level that was found at time t1. However, the 
maximum integration interval tn-t1 must be less than 
2H/ct with, ttt PEc = . Usually the distance H =  
1.2Lp is suffi the stress wave may combine 
with the reflected wave causing incorrect 
instrumentation readings and energy results. This can 
occur especially, when the piston cross-sectional area Ap 
is greater than the tool cross-sectional area At. In this 
case the test tool is too short and distance H should be at 
least 2Lp.[4] 
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otal uncertainty of the test result 
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Figure 8 Shock wave mpact energy strain 

Figure 9 Test resul f blow frequency 

T
 From equation (1), the uncertainty o
energy measurement can be calculated by equation (5) 
and the total uncertainty with ±2σ value, 95.7% 
probability in normal distribution can be calculated by 
equation (6). 
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In this study, the total uncertainty was calculated to 

 
CONCLUDIN  REMARKS 

In this study, the test system for measuring the impact 
e
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ABSTRACT 
 

The bench test machine of single shaft is used to develop the motorcycle frame now. It is not expressible for the 
simple apparatus though combined load is added to the frame while the motorcycle is actually running. Parts of the 
motorcycle might break down some time. This is very dangerous and efficient test method is desired. But application of 
conventional test method of single or multiple actuators is difficult, because test object is relatively small and fragile. In 
this situation, we developed new method of load test using parallel mechanism.  Advantage of this method is 
possibility to generate any assigned force or moment vector at desired small point. That is, combined skew force or 
three-axis moment test becomes possible by only software change. We actually designed practical parallel mechanism 
actuating system for motorcycle. End-effector force and moment vector are converted to cylinder pressure command by 
Jacobian matrix method. 
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NOMENCLATURE  

 
i :  1~6 
Fi: Position of joint installation on the platform  
Gi: Position of joint installation on the base 
E: Offset of rotation center 
H: Height of neutral point 
ti: Thrust of the actuator  
fi: Power and moment of platform 
J: Jacobian 
f: End effector's power and moment 
t: Thrust of actuator 
  
 

 
 
 

 
 

INTRODUCTION 
 

The bench evaluation examination of the single 
shaft testing machine is used for the development of 
the motorcycle frame now. However, present 
evaluation method is too simple to simulate actual 
complicated phenomena of motorcycle running 
condition. So the result of damage and the test that 
occurred because of the actual operation examination 
was not completely corresponding. Therefore, in actual 
running test, unpredictable failure and rupture of 
welded parts are frequently observed. Main reason of 
this kind of problem is the adoption of aluminum to 
motorcycle. From the need of lightening, aluminum is 
widely applied, and this tendency is assumed to 
continue in a future, too. Therefore, the body becomes 
the low limit design of the safety factor. Consequently, 
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evaluation test by present single axis machine could 
not satisfy required performance. Possible testing 
machine to evaluate complex load near actual running 
will improve the simulation function. So reduction in 
cost by improvement of development speed will be 
anticipated by this method. Purpose of our study is to 
develop new parallel mechanism machine possible to 
make actual load by complex actuating. 
In the following, design and control method of this 
machine will be described. 

    
 

 
 

Fig.1Existing bench test machine 
 

PARALLEL MECHANISM   
 
Definition of Parallel Mechanism 

Parallel mechanism is defined as mechanism having 
plural of power transmission paths between base and 
mechanical interface. This mechanism is divided in 
four types, namely, stretch, direct, rotational and wire 
type. In this study, Stewart platform parallel 
mechanism of stretch type is selected. 

A system that has 12 universal joints and 6 cylinders 
to hold upper plate (platform) and lower plate (fix 
base), and generates six phases of free movement by 
changing the length of cylinders. Refer to Fig.2. 

 
Inverse Kinematics of Parallel Mechanism 

In parallel mechanism, command signal of each 
actuator is easily obtained by inverse kinematics. 
Inverse kinematics is determination of each on link 
length from the position of end-effector, and the 
position of each actuator is defined as the Fig, 2. That 
amount of displacement becomes command signal. 

 
Linearized Small Scale Motion Dynamics of 
Parallel Mechanism and Statics 

Relationship between platform and actuator 
displacement under Linearized small scale condition, 
is solved. But, Jacobian matrix thus found, is a inverse 
Jacobian matrix, because this is inverse kinematics 
case. From the principle of virtual work, considering 
actuator and platform dong small scale motion at their 
equilibrium state; 
 

J T f ＝t 
is obtained. From this equation, each actuator’s output 

is shown clearly by the force, moment applied by 
platform. 
 
 

 
 
Fig.2 Coordinate definition of parallel mechanism 

 
 

 
 
 
 
 
 
 
 
 
 
 
 

Fig. 3 Para l l e l  mechani sm 
 

THE FLOW OF SYSTEM  
AND  

MACHIN E SPECIFICATION 
 
Specification of Parallel Mechanism 
 Parallel mechanism was newly designed for this 
study. Design conditions are as follows; 
 

 Each output force X, Y, Z direction is 10kN, 
respectively. 

 
 Wide workspace is not necessary. 

 
 Size of this equipment should be same as present 

machine . 
 

 From the above condition, new parallel 
mechanism was designed. The main 
specifications are shown in Table 1 and 2. 
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Table.1 Size of  Paral le l  Mechanism 

 
Table.2 Work Space and Output Power 
 Work Space Output Power

SURGE +73mm 
-84mm 10kN above

SWAY +75mm 
-75mm 10kN above

HEAVE +65mm 
-70mm 10kN above

ROLL +24deg 
-24deg  

PITCH +30deg 
-22deg  

YAW +25deg 
-25deg  

 

 
 

Fig.4 Image Figure of the test system 
 
The testing machine  consists of base part, parallel 
mechanism, and the test frame fixture. Image figure of 

the test system is shown in Fig.4.  
 

 
 

Fig.5 The flow of the system 
 

Flow of the System 
The flow of the system consists of two parts. The 

first is the work to connect test frame and the best 
machine by using position control of the parallel 
mechanism.  The second is the work to generate force 
to each actuator by using load control algorithm. 
System flow is shown in Fig.5. 

 
POSITION CONTROL  AND LOAD CONTROL  
 
Position Control 
Position and posture of the platform are input to fix 

the test frame, and stroke of each actuator is calculated 
by using inverse kinematics. Command signal 
corresponding to this value is transmitted from 
personal computer to servo valve. Thus cylinder stroke 
is controlled.  Actuator is detected by potentiometer. 
Position control loop is shown in Fig.6. Band with of 
this system is designed about 10Hz At present, 
software servo loop is constructed, which has 10ms 
sampling time. 

DIAMETER OF PLATFORM  φ350mm 

DIAMETER OF BASE φ880mm 

JOINT INSTALLATION ANGLE OF 
PLATFORM 37deg 

JOINT INSTALLATION ANGLE OF 
BASE 14deg 

CYLINDER STROKE 100mm 

HEIGHT OF NEUTRAL POSITION 452mm 

SETTING ANGLE OF CYLINDER 49deg 

TOTAL LENGTH OF CYLINDER 466mm 

Paral le l  
Mechanism 

Test  f rame f ixture  

Base Part
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Fig.6 Position Control of Parallel Mechanism (1 axis) 

 

 
 

 Fig.7 Load Control of Parallel Mechanism (1 axis) 
 

Load Control 
Load is inputted to the test sample from platform tip. 

Necessary force for each actuator is calculated from 
the position and posture of the test sample. Command 
signal is then given to servo system and thrust force is 
controlled. Thrust force is detected by the actuator in 
and out ports. Load control loop is shown is Fig.7. 
Band with of this system is assumed about 2Hz. 
 

SIMULATION OF LOAD CONTROL 
 
Resolved necessary thrust force for each actuator was 

calculated from command force to the test sample 
through parallel mechanism, this time. And, the 
arrangement of the actuator is shown in the Fig .8.  It 
is possible to calculate for combined load as shown in 
Table.5.  This value is outputted for each actuator. 
 
 

ZNo.2

No.3

Y

No.1

No.5

No.4

X
No.6

 
 

Fig .8  Arrangement chart  of  actuator  
 

Table.3 In the Z direction, 10kN 
No,1 Actuator  2 .17kN 
No,2 Actuator  2 .17kN 
No,3 Actuator  2 .17kN 
No,4 Actuator  2 .17kN 
No,5 Actuator  2 .17kN 
No,6 Actuator  2 .17kN 

 
Table.4 In the Y direction, 10kN 

No,1 Actuator  － 4.63kN 
No,2 Actuator  － 3.6kN 
No,3 Actuator  1 .03kN 
No,4 Actuator  － 1.03kN 
No,5 Actuator  3 .6kN 
No,6 Actuator  4 .63kN 

 
Table.5 In the Y and Z direction, 5kN 

No,1 Actuator  － 1.24kN 
No,2 Actuator  － 0.72kN 
No,3 Actuator  1 .6kN 
No,4 Actuator  0 .56kN 
No,5 Actuator  2 .88kN 
No,6 Actuator  3 .39kN 

 

 
 
Fig.9 Overal l  v iew of  the tes t ing machine 

 
COMPLIANCE CONTROL 

 
In  th is  research,  the compliance control  

was used for  the load control  method.  
The compliance control  decides the  
direct ion where  i t  wants  to  control  the  
posi t ion or  power,  and the posi t ion and 
power in  those d irect ions are matched to the 
value of  the target . Firs t  of  a l l ,  the  posi t ion 
and the power  that  should  be control led are  
measured.  They are fed back,  and the control  
technique that  provides with  the posi t ion 
control  loop and the force control  loop to 
match i t  to  the set  point  is  used. Therefore,  
the force control  loop consis ts  of  taking 

PC ANPD/A Cyl inder  
Valve 

Load  Ce l l  A /D 

PC ANPD/A Cyl inder  
Valve 

Potent ionmeter  A/D 
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measurements  of  power and def lection with 
the target  load in  h igh rank of  posi t ion 
control  loops,  and sending as  the instruct ion 
to  the posi t ion control . The instal lat ion part  
of  the load cel l  is  shown in  Fig.10.  
 

  
 

Fig .10 The instal la t ion par t  of  the load cel l  
 
LOAD TEST IN DIRECTION OF HEAVE  

 
The load only in the direction of heave is added to the 

motorcycle frame. The load is added from 0kN to 5kN 
in each 0.5kN.And the stability when 5kN is added is 
verified from 0kN. 
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F ig .11 Comparison between measured data and 
command data 
 
 

 
 
 
 
 
 
 
 
 
 
 

 
Fig.12 Stabil i ty  of  data  

Experiment result  
As for the comparison by the measurement and the 

command data, excellent data was obtained. The error 
margin was the maximum was 1%. The load was 5kN 
from 0kN and time when it reached was 250 
milliseconds. And Stability was ±0.075kN. 

 
CONCLUSION 

 
In this thesis, the effectiveness of the use of the load 

control with the bench test machine that used the 
parallel mechanism was verified. It will examine it in 
all directions of six axis in the future. The actual 
running test by the bench test is scheduled to be 
simulated by using the data of actual running test in 
the future. 
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DEVELOPMENT OF CNC BENDING MACHINE 

USING PARALLEL KINEMATICS MECHANISM 
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ABSTRACT 
 

Recently, aluminum pipe is needed by industrial world.  Because it is high rigidity and light. There are 
many methods of processing pipe. But now bending method is ill-suited to high-mix low-volume 
production. And so we looked at the feed pressure (MOS) bending machines. But there are many 
problems in them. First of all, structure of processing part is complex, and object of bending is confirmed 
to circular pipe. We developed three dimensional pipe bending machine using PKM (parallel kinematics 
mechanism). In this paper, we will be able to show bending accuracy and proposal of new bending 
machine. 

 
 

KEY WORDS 
 

Parallel kinematics mechanism, Gradual curve part, Bending angle, Limit of bending,  
 
 

 
NOMENCLATURE 

 
R   :  Bending radius 
u   :  Offset 
V   :  Distance between dies 
PL   :  Pushing load 
?   :  Angle of die 
t    :  twisting rate 
Lv   :  Length of work of distance between dies 
?b   :  bending angle 
 
 
 
 

 
 
 
 
 

BACKGROUND 
 

Recently, industry requires different production 
method best fitted for its purpose. Same situation is 
observed in bending manufacturing field. As 
conventional bending method, there are press bending,  
tension bending. Above methods require own dies 
according to their profiles. Therefore, these methods are 
difficult to apply for modern small number production. 
In order to solve this problem, push forward bending 
method (MOS bending method) was proposed, recently. 
In MOS bending method, any assigned bending profile is 
possible to make by using two dies. Work is driven by 
feeder and it is bent by two dies combination. By this 
MOS bending method, die cost reduction becomes 
possible, because there is no need to make die 
corresponding to bending radius. Also, three dimensional 
profile bending becomes possible 



 100247 yamaguchi 2/4 

PRESENT MOS BENDING MACHINE 
 

Let explain about present MOS bending machine. 
Structure of bending head is simple in the machine shown 
in Fig.1. But sectional working profile is limited to 
circular, due to deficiency of freedom of bending head 
motion. By conventional machine to achieve universal 
profile bending, bending head becomes complicated, as 
shown in Fig2. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

To solve this problem, we proposed new MOS bending 
machine using 6-axis parallel kinematics mechanism 
(PKM). Feature of PKM is high accuracy, high rigidity 
and simple structure. By using P KM as bending head, new 
universal compact machine is expected to realize. 

 
PURPOSE 

 
Purpose of this research is to develop MOS bending 
machine using 6-axis PKM working head. In this time, 
we announce effect of bending parameter on shape and 
quality. 

 
PROPOSED BENDING MACHINE 

 
In Fig.3, overall view of testing machine is shown. The 
machine is composed of working head and feeder, and 
controlled by simultaneous 7-axis motion controller. 
Working head 
Working head, driving part of movable die shown in Fig3, 
is composed of 6-axis extensible type PKM. Working 
head is controlled by 6 actuators semi-closed loop 

positioning.. Movable die is installed at the center of the 
end effecter. Fixed die is positioned at the center of 
foundation on base plate. 
Feeder 
Feeder, shown in Fig.3, is composed of electric motor and 
ball screw and guide rail supporting member. Guide rail 
prevents buckling of the work between guide die and 
pusher. Feeding actuator control is same with PKM 
actuator control. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

PRINCIPLE OF BENDING 
 

Principle of simple bending 
Principle of simple bending follows the MOS bending 
method. MOS principle is shown in Fig.4. Here, state of 
bending is schematically shown. Movable die is displaced 
U from the center of the fixed die axis. Here, there are 
two forces acting on this system, that is, pushing load PL 
and working load P which depends on offset u. Bending 
moment M=P×V is main factor of bending action, where 
V is distance of both dies. Each parameter is presented in 
the following. 

 
               

(1) 
 
 
 
 

(2) 
 

 
 
 
 
 

Expansion 

Processing part  

Figure 2 MOS bending machine example2 

feeder 

Working head 

22 VuRu −−=

R
V1sin −=θ

Figure 3 Proposal MOS bending machine  

Figure 4 simple bending 

Figure 1 MOS bending machine example1 
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Principle of twist bending 
 
 
 
 
 
 
 
 
 
 
 
 
Movable die is twisted by ?z. Twist bending moment 
ML= Lv × P is main factor of twisting action. 
Twisting rate is presented in the following. 
 

(4) 
 
Principle of spiral bending 
 
 
 
 
 
 
 
 
 
 
 
 
 
Spiral bending can be achieved by the synthesis of 
simple bending and twist bending. 
Spiral bending parameter is presented in the flowing. 
Steady-state spiral can be constructed with spiral pitch 
and spiral radius. Therefore, steady-state spiral is 
expressible by Frenet-serret formula. 
 

(5) 
 
 

(6) 
 

 
Therefore, spiral bending is achieved by twist rate and 
curvature. Various spiral bending is achieved to replace 
twist rate and curvature by twist bending factor and 
simple bending factor. 

PROGRESS IN DEVELOPMENT 
 
Recently, we confirmed factor of simple, twist and spiral 
bending[1]. Bending angle of products and improvement 
of processing limit are researched. 
Bending angle of products 
 
 
 
 
 
 
 
 
 
 
 
 
Ideal shape is composed by straight part and defined 
curve. But It actually becomes as shown in Fig 7. It is 
because PKM is moved while the material is being 
pushed. As a result, the error margin is caused between 
the ideal value and the actual value. And a high accurate 
processing is impossible. And so, we tried to cut off 
gradual curve part. It is necessary to bring movable die 
close to fix die to that end. And, distance of gradual 
curve is shorten. In the experiment, we confirmed effect 
of distance of gradual curve part  on bending angle. 
Improvement of processing limit 
Processing limit is related to V and u. But it is difficult to 
keep V and lengthen u. Because feature of PKM is which 
working area is narrow. And V is shorten like case2 of 
fig 8. Now, therefore, bending parameter is smaller[2]. V 
is related to bending shape as outline above. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Ｌｖ 

v

z

L
θτ =

P 

r 

2p

22 κτ
κ
+

=r

)1(2 rrP −⋅=
κ

π

θｚ 

Ideal shape Actual shape 

Case2 

Case1 

Length of  
Case1 

Lenght of  
Case2 

Case1 long V 
Case2 short V 

Figure 5  Principle of twist bending 

Figure6  Principle of spiral bending 

Figure7 Ideal and actual shape of pipe 

Figure 8 Effect of V on bending parameter 
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BENDING EXPERIMENT 1 
 
Experiment purpose 
This experiment purpose is to confirm the effect of 
Length of gradual curve part  on bending angle. 
Experiment procedure 
Length of gradual curve part  is shortened by 20 [mm] 
step from 100[mm]. And then, we measure bending 
angle. 
Experiment result 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
As a result, gradual curve part is related to bending angle. 
And, if gradual curve part is loss, process of actual shape 
cannot be achieved. Therefore, it is necessary to propose 
new motion of movable die. 
 

BENDING EXPERIMENT 2 
 
Experiment purpose 
This experiment purpose is to confirm the effect of 
distance between dies on shape of processing pipe. 
Experiment procedure 
Distance between dies is shortened by 35[mm] and 
45[mm]. 
Experiment result 
 

 
 
 
 
 
 
 
 
 
 
 

As a result, improvement of bending shapes was 
achieved by reduction of distance between dies. But, 
when movable die got up fix die, bending quality was 
poor. And, when offset is short, bending angle is large 
because of springback. And so, we will define 
appropriate balance between bending parameter and 
bending quality in future experiment. 

 
SUMMARY 

 
In this paper, we announced effect bending parameter on 
bending shape and quality.  In the future, we construct 
new motion of movable die and new structure machine. 
For example, PKM is installed in vertical position. And 
this machine is miniaturized and made high power by 
using the hydraulic cylinder for actuator. 
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ABSTRACT 

 
In the article the dynamic processes in an axial-reciprocating  hydraulic pump and asynchronous engine are considered. 
The mathematical model of an axial-reciprocating hydraulic pump is presented, where the flow of fluid in each cylinder 
of the pump and the  interaction of liquid with the piston are taken into account.  The flow of fluid in a hydraulic system 
is described by a system of equations of a hyperbolic type, which is solved by the characteristics method. For example, 
the mathematical simulation of the activity of an axial-reciprocating pump  in a hydraulic system together with the 
mechanical drive is shown. 
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NOMENCLATURE 
 
xa :   acceleration to x direction; 
c :   speed of sound in a liquid;  
d :   diameter of cylinder (pipeline); 
e :   wall thickness of the pipeline; 
E :  modulus elasticity of a material of the 

pipeline; 
F : force; 
{ }frF : vector of friction moment; 
( )xF1 : discharge of liquid mass to the unit of the 

length in a pipeline; 

( )xF2 :  kinetic energy of the liquid flow in a 
pipeline to the unit of area; 

f :  coefficient of pressure losses along  pipe 
( )Reff = ; 

( )p,vf1 :  functions dependent on velocity  and 
pressure; 

( )p,vf2 :  functions dependent on velocity  and 
pressure; 

0h : constructive parameter of a pump, 

eI :   moments of inertia of mass; 

LPI :   set of number low pressure cylinder; 
i :    number of iteration; 



[ ]J :   Jacobi matrix; 
( )pK :  bulk modulus elasticity of liquid; 

rL :   completely reduced rotor  inductivity; 

SL :    completely reduced stator inductivity; 

µL :    magnetization circuit inductivity; 

eM :    electrical engine resistance moment; 

frM :  friction moment; 

rM :  resistance torque; 
m :   mass of cylinder; 

( )xminp :  mass flow of a liquid in a unit area; 
NZ :   number of pistons in a pump;  
p :   liquid  pressure; 

Dp :   liquid pressure at a point D ; 

Fp :   liquid pressure at a point F ; 

Gip :  liquid pressure i  on the surface of piston ; 

Lp :   liquid pressure at a point L ; 

Rp :   liquid pressure at a point R ; 
pol :  number of pole pairs; 

sr :  active resistance of stator; 

rr : active resistance of rotor; 

Gq :  displacement of the piston at a point G ; 

Hq :  displacement of the piston at a point H ; 

dt
dqqG ≡& :  speed of the piston at a point G ; 

dt
dqqH ≡& :  velocity of the piston at a point H ; 

Re :  Reynolds number; 
( )xS : cross-section area of the pipeline; 

iS :   cross-sectional area of cylinder number i; 

SS :   cross-sectional area of the piston; 
v :   liquid velocity; 

Dv :   liquid velocity at a point D ; 

Fv :   liquid velocity at a point F ; 

Lv :   liquid velocity at a point L ; 

Rv :   liquid velocity at a point R ; 
( )xvinp :  velocity of a liquid acting in the pipe line; 

Fx :   x coordinate of pint F ; 
{ }Y :   vector of unknowns; 
γ :    isentropic exponent; 
ε  :   relative volume of gas in the liquid; 
{ }Φ :  vector of algebraic equations; 

eϕ :   turn angle of rotor of electrical engine; 

iϕ :   turn angle of the cylinder number i ;  

τ :  integration time step of differential     
equations;  

( )xΠ : perimeter of cross section of the pipeline; 
ρ : liquid density; 
σ : shearing stresses on the internal surface of 

the pipe line; 
ν : kinematic viscosity of a liquid; 
{ }ψ :   the bound flow vector. 

 
INTRODUCTION 

 
The main research object in the present work is axial-
reciprocating pump which is intended for work as power 
units in different guidance  schemes. The researches of 
axial-reciprocating pump were carried out by many 
authors. But many of them considered the system of 
hydraulic pump as the system with lumped values and 
thus did not take into consideration wave processes going 
on in hydraulic lines. The purpose of present work is to 
show the wave processes going as in hydraulic pump 
system, using the characteristic method. The axial-
reciprocating pump is analyzed together with 
asynchronous engine, higher and lower pressure 
pipelines. Movement of  liquid is accepted as one-
dimensional and  unsettled, i.e. all local velocity are 
considered. The liquid movement is considered as one-
dimensional, i.e. all local velocity are equal to average 
velocity, and unsettled. Velocity and pressure depend on 
longitude coordinate and time. Such liquid movement is 
characterized by the wave of increased and reduced 
pressure which spreads from the place of change in each 
pressure vibration cross-section and in deformation of 
pipeline walls. The liquid is double-component mixture, 
including gas (air). The presence of air in liquid sharply 
decreased sonic velocity in liquid.  

 
MATHEMATICAL MODEL OF  HYDRAULIC 

AXIAL-RECIPROCATING  PUMP 
 

Movement  and  continuity  equations  of  viscous,  
compressible fluid in pressure pipe have the following 
form 
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Let research hydraulic system consisting of the electrical 
asynchronous engine (AE), axial-reciprocating pump, 
pipelines, hydraulic resistance, hydraulic valve and tank. 
The scheme of axial-reciprocating  pump is shown in Fig. 
1.  The dynamic model of  asynchronous engine and axial 
reciprocating piston pump is studied as a complicated 
hydraulic and mechanical system. 



One of the most progressive variants of automated 
electrical driver is an alternating current electrical driver 
with asynchronous engine. The foundation of the AE 
mathematical model consists of differential equations of 
electrical and mechanical balance and equations of 
electromagnetic energy transformation to mechanical 
energy. 
To estimate dynamic regimes of AE, two-phase 
mathematical models are used . In the general case AE 
two-phase model consists of the system of differential 
and algebraic equations: 
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and torque of  AE is equal 
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The engine resistance moment is equal 
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where i -th cylinder turning angle is equal 
 

( ) NZiei /21 π−+ϕ=ϕ . 
 

The dynamic model of axial-reciprocating pump is 
constructed by evaluating the principle of action and 
constructive peculiarities of the pump  (Fig. 1). 

Every piston of a pump moves in a cylinder and closely 
interacts with liquid. Depending on the rotor turning 
angle eϕ , every piston of a pump ejects (high pressure) 
and sucks-in (low pressure) liquid. During the suction 
and at the insufficient liquid discharge, zones of 
cavitation  form on the surface of a piston. 
The interaction between the separate piston and a pump 
and liquid is studied. 
 

 
 

Figure 1   The hydraulic circuit of axial reciprocating 
piston pump 

 
 

According to the construction of an axial reciprocating 
piston pump, every piston is coupled with rotor; therefore 
interaction of piston and liquid flow in a cylinder shall be 
studied together with equations of electrical engine 
movement (1-5). 
The presented dynamic model of axial reciprocating 
piston pump evaluates: local and volumetric losses of 
pressure in every cylinder; occurrence of cavitation 
zones, identification of their variable volume; quantity of 
gas in liquid; transient processes in an electrical engine; 
various  constructional parameters of a pump; influence 
of a hydraulic driver on dynamic processes of a pump; 
change of cross-section area when transferring from the 
suction to a pressure pipeline and vice versus. Differential 
equations of liquid movement in the cylinder are solved 
by characteristics method [1,2]. The main idea of 
characteristics method is the fact that unknown variable 
speed and liquid pressure at instant moment of time τ+t  
is determined according to these parameters at a moment 
of time (Fig. 2). Pressure and velocity in point D  at the 
moment of time is determined from nonlinear algebraic 
equation system 
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Figure 2  Scheme of point parameters determination by 

characteristic method 
 
  

The velocity of sound in a two-phase liquid is placed in  
pipeline as determined: 
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The system of equations (6) and (7) is solved by a 
Newton method: 

 
                              [ ] { } { } ,YJ iii Φ−=                          (9) 

 
          { } [ ];v,pY DD
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The kinetic energy of the rotor of pump is transformed to 
potential energy of a liquid in a high-pressure cylinder. 
For  accuracy simulation of interaction of the hydraulic 
pump piston  with liquid four cases of interaction are 
considered. Each case of this interaction depends on a 
rule of the piston in the cylinder and on  computational 
grid. At the moment of interaction  of a liquid with the 
piston the volumetric  losses of the liquid are taken into 
account [4,5].  
The system, which consists of the body moving in  a 
pipeline with  liquid (Fig. 3).  
 

Body Liquid
 

 
Figure 3 The circuit of the system “body, liquid, and 

pipeline” 
 
 

The parameters of liquid flow and body interaction in a 
discrete pipeline are determined in four cases. In this 
article is presented only first case of interaction between 
piston and liquid flow.  
The first case (Fig. 4). 
In this case the following conditions shall be fulfilled [5]: 
  

iHi xqx <≤−1 , iHHi xqqx <τ+<− &1 ,  
 

 ( ) iHHHi xavqx <τ++<−1 . 
 
The liquid flow parameters of point F  are interpolated 
among points CH ,  and B . The final system of 
equation, from which parameters of liquid flow and body 
movement of point G  can be determined, is: 
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Figure 4 Cases of body and liquid flow interaction 
 
 Parameters of liquid flow of point i  are determined 
from the system of equations (6) and (7). 
 
 

COMPUTATIONAL  RESULTS 
 

As an example of  the axial reciprocating piston pump 
2G15-14 is considered, the shaft of which is turned by 
asynchronous engine 4A132S4Y3. Pulsations of liquid 
flow pressure and velocity at the output of axial 
reciprocating piston pump when the quantity of gas in 
liquid is equal to 0.1% zero ( 001.0=ε ) are shown in Fig. 
5. 
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Figure 5. Change of pressure and velocity in time at the 
output of axial reciprocating piston pump, when the 

quantity of gas in liquid is equal to 0.1%  zero 
( 001.0=ε ):a – pressure, b − velocity 

 
 

CONCLUSIONS 
 
• The composed mathematical model of a axial-
reciprocating  hydraulic pump takes into account wave 
motion of a liquid, local losses of pressure and volumetric 
fluid leakages, phenomenon of a cavitation, gaps in the 
mechanical drive  
• The designed technique is possible for using in 
research volumetric hydraulic transmissions 
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ABSTRACT 

 

Accurate predictions of pressure surges are crucial in many fluid-line systems.  There are several techniques available 

for modelling flow transients in hydraulic pipelines, offering different advantages and disadvantages and therefore 

suiting different applications.  In this paper four modelling methods are evaluated in terms of accuracy, computational 

efficiency and flexibility for laminar, single-phase flow in circular, rigid pipes.  These are the method of characteristics 

(MOC), the finite element method (FEM), the transmission line method (TLM), and the rational polynomial transfer 

function approximation (RPTFA) method, which is a form of modal approximation method.  All four methods were 

implemented in MATLAB/Simulink.  It was found that the RPTFA model potentially gives the most accurate solution, 

while the MOC and TLM models are the most computationally efficient.  The FEM is the least accurate out of the four 

methods, but it can be used with varying parameters and time steps thus providing the most modelling flexibility.   
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NOMENCLATURE 

 

A  Cross-sectional area 

B  Coefficient matrix 

c  Speed of sound 

C  Coefficient matrix 

C  Laplace transformed characteristic 

E  Coefficient matrix 

f  Friction term 

F  Coefficient matrix 

p  Pressure 

p  Pressure vector 

P1  Pressure at upstream end 

P2  Pressure at downstream end 

q  Flow 

q  Flow vector 

Q1  Flow at upstream end 

Q2  Flow at downstream end 

Z  Characteristic impedance 

Z0  Characteristic impedance constant 

Γ  Propagation operator 

ρ  Fluid density 

 

INTRODUCTION 

 

Hydraulic systems are widely used in the engineering 

world.  They often form an essential part of a total 

dynamic system in industries such as automotive, 



aerospace, petroleum, etc.   As these systems become 

more sophisticated, accurate analysis and close control 

of their performance becomes ever more crucial.  This 

in turn may require consideration of the dynamics of the 

hydraulic fluid transmission lines which can have a 

significant influence on system behaviour. 

Transient changes in flow can generate pressure waves 

that travel through the body of the fluid in the 

transmission lines.  This dynamic behaviour can be 

represented by the equations of motion and continuity, 

as follows (assuming cAq <</ ): 

 

0)( =+
∂
∂

+
∂
∂

qf
x

pA

t

q

ρ
         (1) 

0
2

=
∂
∂

+
∂
∂

xA

qc

t

p ρ
           (2) 

 

Hydraulic pipeline dynamics are well understood in the 

frequency domain.  However, obtaining the transient 

response of the system in the time domain requires 

approximating the hyperbolic functions which represent 

the frequency-dependent component of friction, f(q). 

There are several techniques available for solving 

equations (1) and (2) and approximating friction in the 

time domain.  The four most established modelling 

methods are the method of characteristics [1], the 

transmission line method [2], the modal approximation 

method [3], and the finite element method [4].  It is 

beyond the scope of this paper to present and discuss 

these in detail.  Here, these four methods are evaluated 

in terms of accuracy, computational efficiency and 

flexibility.  To this end, laminar flow transients in a 

rigid, circular pipeline were simulated in MATLAB.  

The system under investigation comprised a constant 

pressure source upstream and a valve downstream of the 

pipe.  Flow transients were generated by instantaneous 

valve closure.             

 

METHOD OF CHARACTERISTICS 

 

In the method of characteristics (MOC) the equations of 

motion and continuity are transformed into ordinary 

differential equations which can then be integrated 

along the ‘characteristic lines’.  The characteristic lines 

correspond to the motion of waves travelling at the 

speed of sound in both directions along a pipe.  

Friction in pipelines is frequency-dependent and its 

accurate and correct representation poses one of the 

biggest challenges in transient flow modelling.  

Although the steady-state friction component is well 

defined, the unsteady friction component can only be 

approximated for time-domain simulation.  Initial 

work by Zielke [5] provided an accurate solution, but at 

the expense of a very high computational load.  Trikha 

[6] and Kagawa et al. [7] later evaluated weighting 

factors for a series of unsteady friction terms, in an 

attempt to simplify computations.  A set of optimised 

coefficients was obtained by Taylor et al. [8] reducing at 

the same time the number of unsteady friction terms 

from five in Trikha’s model to four. 

All three unsteady friction approximations mentioned 

above were used to simulate the transient response of 

the system to an instantaneous valve closure.  The 

exact solution that was obtained from an inverse Fourier 

transform of the analytical response is plotted in figure 

1, along with the steady-state friction.  The three error 

traces are also plotted for comparison.  Johnston [9] 

recently proposed an alternative method of selecting the 

weighting factors using a geometric series.  The 

number of terms needed depends on the time step, but 

also on the value of the geometric series ratio.  It was 

found that a model with a ratio of 3 and three terms 

gives results almost identical to those obtained using the 

Taylor et al. and Kagawa et al. approximations, see 

figure 1. 
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Figure 1: Predicted transient response, MOC, different 

friction models 

 

In all the above simulations the friction terms are 

calculated at every node along the pipe and at every 

timestep.  In all simulations the pipeline was divided 

into 20 elements.  To reduce computation load, the 



friction terms can be lumped together at the end of the 

pipe.  Two cases were considered.  First, the 

frequency-dependent friction was lumped at the pipeline 

ends, while the steady-state friction was evenly 

distributed along the pipe.  In the second case, both 

friction components were lumped at the ends of the pipe 

during simulation.  The prediction errors, compared to 

the exact solution shown in figure 1, are plotted in 

figure 2.  A very similar response was obtained in both 

cases.  A 77.4% reduction in computational time was 

achieved in the first case, and an 87.2% in the second, at 

the expense of a slight loss in prediction accuracy. 
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Figure 2: Predicted transient response, MOC, lumped 

friction     

 

TRANSMISSION LINE METHOD 

 

The transmission line method (TLM) is similar to the 

MOC.  In the MOC a pipeline is divided into a number 

of elements and pressure and flow propagates between 

adjacent nodes over one timestep.  In TLM, the model 

only calculates these variables at the ends of a line and 

not at any internal nodes.  Obtaining the correct steady 

state pressure drop and rate of oscillation decay, 

however, requires careful modelling.  Krus et al. [2] 

proposed a TLM model where filters are used to 

approximate the frequency-dependent friction.  The 

system response can then be obtained by introducing 

characteristics C1 and C2 such that 
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The Simulink block diagram of the model is shown in 

figure 3.  The frequency and shape of the predicted 

pressure waves were found to be very inaccurate.  This 

is shown in figure 4, where the TLM prediction is 

compared with that obtained using the MOC.  Johnston 

[9] obtained much improved results by incorporating his 

friction model into Krus et al.’s model.  The 

predictions obtained using both a three- and a four-term 

Johnston friction model are also plotted in figure 4 for 

comparison.       
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Figure 3: Transmission line model 
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Figure 4: Predicted transient response, TLM and MOC 

 

MODAL APPROXIMATIONS 

 

The dynamics of a fluid transmission line can be 

expressed in terms of a so-called ‘dissipative’ 

distributed-parameter model using the following 

input-output relationship: 
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The line characteristic impedance Z and the propagation 

operator Γ are functions of the fluid properties and the 

radius and length of the line.  Obtaining an exact 

solution involves zero- and first-order Bessel functions. 

Several modal approximation techniques have been 

proposed over the years for the representation of the 



three transfer functions (TF) of equation (5).  Here, a 

recently proposed method by Wongputorn et al. [3] was 

used which utilises least-squares curve fitting in the 

frequency domain to match the frequency response of 

the original TFs to that of rational polynomial TFs over 

the frequency range of interest. 

When the rational polynomial transfer function 

approximation (RPTFA) method is used, it is very 

important to ensure that the transmission line model is 

very accurate throughout the modal frequencies of the 

other components of the system in which the line is an 

internal part and beyond any input disturbance 

frequencies, [3].  Different RPTFAs were obtained 

over different frequency ranges by defining the 

maximum desired frequency.  The latter was varied 

between 100 rad/s and 2000 rad/s.  At 1500 rad/s the 

TF approximations become inaccurate, and at 2000 

rad/s the solution becomes unstable.  The frequency 

response of one of the three TFs needed to model the 

system and its approximation, as obtained from 

Wongputorn’s MATLAB routine [10], is shown in 

figure 5.  The plotted approximation was obtained for a 

maximum frequency of 1000 rad/s. 
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Figure 5: Frequency response of transfer function 

‘ ΓΓ cosh/sinh
0
ZZ ’ and its approximation           

 

The RPTFA model, incorporating transfer function 

approximations for frequencies up to 1000 rad/s, was 

implemented in Simulink.  Because the system is 

mathematically stiff, the choice of ordinary differential 

equation (ODE) solver in the Simulink model is critical 

and an accurate solution cannot always be obtained.  

The solution often becomes unstable or very inaccurate, 

depending both on the approximation functions and the 

solver used. 

However, when good results were obtained using 

RPTFA they were found to be more accurate than the 

solution obtained with the MOC, as illustrated in figure 

6.  The phase shift between the exact and the MOC 

solution, which develops as the wave attenuates, is no 

longer present in the RPTFA solution.  Inaccuracies in 

the solver, however, make the RPTFA solution oscillate 

around the exact signal throughout the simulation.  

This behaviour is more evident in the early part of the 

solution.  The response of the system obtained using 

the RPTFA method is compared with that obtained 

using the MOC and the TLM techniques in figure 7. 
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Figure 6: Comparison between MOC and RPTFA 

methods   
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Figure 7: Comparison between MOC, TLM and RPTFA 

methods   

 

Provided that a stable numerical solution can be 

obtained using the available MATLAB solvers, the 

RPTFA model is the most accurate of all the models 

considered so far.  One of its main drawbacks, however, 

is that numerical solutions are often unstable or 

oscillatory.  To overcome this problem, more 

appropriate solvers for this application could be 

implemented in MATLAB.  Alternatively, different 

modal approximation methods that are available in the 

literature could be considered [11-13]. 



FINITE ELEMENT METHOD 

 

Finite element approximations to the equations of 

motion and continuity may be derived according to: 

 

)(qCfBp
q

+=
dt

d
          (6) 

qFEq
p

+=
dt

d
           (7) 

 

Here, the finite element method (FEM) proposed by 

Sanada et al. [4] and later extended by Taylor et al. [8] 

was chosen to simulate the transient response of the 

transmission line.  The FEM model uses an interlaced 

and unequally spaced grid of alternate pressure and flow 

nodes.  A genetic algorithm was applied by the authors 

to optimise the node spacing.  Grid points are spaced 

symmetrically about the mid point of the pipeline.  The 

optimisation algorithm minimises the error between the 

natural frequencies of the model and those of a specific 

pipeline for the extreme cases of closed and open end 

conditions.  The model incorporates the four-term 

laminar friction model proposed by Johnston [9]. 

When the optimised grid is used, the model exhibits a 

highly oscillatory behaviour during the first moments 

following the transient.  Less severe oscillations are 

present when the equally spaced grid is used.  These 

die out as the pressure wave attenuates and the shape of 

the pulsations for the optimised grid is better after the 

first two cycles.  As can be seen from figure 8, the 

period of the pressure wave is very slightly different for 

the two cases. 
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Figure 8: Comparison between optimised and equally 

spaced grid, FEM 

 

The transient response of the FEM model (40 elements) 

is compared with those obtained using the three 

modelling techniques presented above, namely MOC, 

TLM, and RPTFA, in figure 9.  While the prediction of 

the RPTFA model is the one closest to the exact solution, 

the prediction obtained using the FEM is the least 

accurate one.  However, the FEM was found to be 

reliable and not prone to instability. 
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Figure 9: Comparison between MOC, TLM, RPTFA, 

and FEM methods   

 

COMPUTATIONAL EFFICIENCY 

 

The performance of the different modelling techniques 

was compared in terms of computational efficiency.  

The most accurate models developed using the four 

different methods were chosen for the comparison.  

The transient response of the system was simulated on a 

2.4 GHz Pentium 4 PC with 1 Gb of RAM, for 2 

seconds following a sudden valve closure.  The results 

are summarised in the table below. 
 
 

Table 1 Computational times 

MOC 

No. of 

elements 

Friction model No. of 

terms 

Steady state 

friction 

Unsteady 

friction 

Computational 

time (s) 

20 Taylor et al. 4 distributed distributed 0.4680 

20 Kagawa et al. 7 distributed distributed 0.4850 

20 Johnston 3 distributed distributed 0.4530 

20 Johnston 3 distributed lumped 0.0790 

20 Johnston 3 lumped lumped 0.0630 

TLM 

Friction 

model 

No. of 

terms 

MATLAB 

Solver 

Time step Step size Computational 

time (s) 

Taylor et al. 4 ode4 fixed 10
-4
 1.2240 

Johnston 4 ode4 fixed 10
-4
 1.2645 

Johnston 3 ode4 fixed 10-4 1.0850 

Johnston 3 ode45 variable 10-3 (max) 0.1845 

Johnston 3 ode45 variable - 0.0700 

Johnston 4 ode45 variable - 0.4385 

RPTFA 

Frequency - 
max, (rad/s)  

MATLAB 
Solver 

Time step Computational 
time (s) 

Notes 

1000 ode23t variable 0.6955 

800 ode23tb variable 0.8545 

500 ode23t variable 0.9475 

Solution oscillates around 
exact response 

FEM 

No. of 

elements 

Friction 

model 

No. of 

terms 

Grid spacing Computational time (s) 

40 Johnston 4 uniform 2.521 

80 Johnston 4 uniform 13.148 

160 Johnston 4 uniform 180.866 

  



Obtaining the response of the RPTFA model using the 

MATLAB solvers often leads to unstable or oscillatory 

solutions.  Oscillatory solutions can either diverge 

from or converge to the exact system response.  The 

increased computational times shown in the last two 

rows of the RPTFA table can be mainly attributed to the 

high frequency oscillation of the model output around 

the exact system response.  Use of a more accurate and 

robust integrator may reduce computational times when 

the RPTFA model is used and help obtain more stable 

solutions. 

 

CONCLUSIONS 

 

A preliminary investigation of the performance of four 

different transient flow modelling techniques has been 

completed.  These techniques are the method of 

characteristics, the transmission line method, the finite 

element method, and the modal approximation method.  

The RPTFA model was found to give the most accurate 

solutions.  Computational times, however, are 10 times 

longer than those when the MOC model is used and an 

accurate solution cannot always be obtained with the 

existing MATLAB solvers.  The MOC model is best 

suited to a fixed time step, but accurate results in short 

computational times can be obtained when the friction 

components are lumped at the pipe ends.  Applying the 

TLM model provides both an accurate and 

computationally efficient method of simulating the 

response of the system, but integration problems can 

occur.  The FEM method is the least accurate and 

efficient in terms of computational time, but can handle 

non-linearities and varying parameters and time steps 

enabling thus the modelling of cavitation and 

air-release.      
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ABSTRACT 
In this study, hydraulic vibration controller was proposed and tentatively manufactured. Adaptive control method was 
tried in this experiment for vibration reduction. Proposed vibration absorber is composed of bellows, actuator and 
accumulator. The device is filled with oil. For input vibration, the actuator is controlled so as to make bellows inside 
pressure zero. Thus vibration transmission is aimed to reduce. In time, adaptive control method which is able to track 
non-stationary vibration phenomena is applied. 
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INTRODUCTION 

 
As far as construction machinery are concerned, there 

is problem of the vibration transmitted to the operator 
room at actual work. Each company is developing 
mount. To date, a mount as a passive control method has 
been used for low frequency. That is, vibration 
reduction is achieved by passive action of rubber 
without using energy from outside. The effect of the 
vibration reduction depends on the characteristic of the 
conventional mount and its layout. For supporting 
operator room weight and static rigidity of the mount 
requires large space. As a result, issue of space occurs.  

This study proposed a hydraulic theory of the vibration 
reduction, and by using adaptive control, the authors 
aimed to reduce the transmitted vibration in the operator 
room. Here, the vibration reduction from 20 to 50 [Hz] 
of low frequency is main target of this study. This paper 
shows the effectiveness of the theory by using the 
simulation, the structure of the control method and the 
device that can achieve the theory. 
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Active Mount Structure 
 
Recently vibration reduce technique uses the cancel 
each other by actively generating the power of the input 
vibration and the opposite phase. But this shows heavy 
weight (operator room) support is difficult especially for 
construction machinery, because large static rigidity is 
necessary and as a result high control power is 
inevitably required. This study develops a new 
hydraulic active mount, which is filled inside with oil 
for the operator room. Fig1 shows new theory model 
device. This device is composed of bellows, actuator 
and accumulator. The device is filled with oil. The 
operator room weight can be supported by the oil 
pressure. In a word, this configuration of this mount has 
the advantage of being able to support the weight 
without any external power sources. 
 

 
 

Theory of Vibration Reduction 
 
This chapter explains the theory of the vibration of the 
active mount. When the excitation force acts on the 
under part of the mount, the actuator moves in the upper 
direction by the control signal. Consequently the 
volume inside the bellows does not change so much and 
the dynamic pressure becomes small. Therefore the 
transmitted force becomes low. 
When the actuator is controlled so as volume flow 
continuity equation AbXb=AvXv holds, it is assumed 
to reduce vibration. Here, let us simulate the vibration 
reduction effect when the following equation (1) is 
applied in this system,� ����� 	
��	� 	���������
����� 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 

Simulation Result 
 
Figure 3,4,5 shows the comparison of the input force, 
under pressure and the transmitted force as the error 
signal when the control is active. In this figure it was 
found that when the pressure P1 is nearly 0[Pa], the 
transmitted force is also approximately 0[N]. That is, 
the assumption explained above is demonstrated. 
However, as this control scheme is open loop, the 
adjustment of the amplitude will be difficult when 
system fluctuates frequently. Actually, engine vibration 
is not stationary. It fluctuates considerably due to 
surrounding condition. Therefore more flexible control 
scheme will be needed. 
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System Consideration 
 
In a classical control method, time variant system is 
frequently treated. But computing power is not 
sufficient, time variant statistical system is difficult to 
treat effectively. But, now adaptive control scheme 
using, LMS(Least Mean Square) algorithm, becomes 
easy to apply for this kind of system. 
 
 
1.Adaptive Control     
 
Adaptive control is a type of control which adapts 
control system to follow the plant (control object) 
characteristics change. Algorithm to realize this 
process is called adaptive algorithm. Unknown system 
and adaptive filter response to input reference are 
added. This added signal is treated as error signal.  
Control is done to make this error signal minimum by 
refreshing adaptive filter characteristics.  
 
2 .Adaptive FIR filter    

 
By making the filter coefficient as time variable, 
adaptive filter is possible to realize which changes its 
characteristics. This block diagram is shown in Fig

	
. 

Unknown system and adaptive FIR filter are allocated 
in parallel, and by LMS algorithm, error signal ke  is 
followed to minimum.  
 
3 LMS (Least Mean Square) algorithm    
 
As a refreshing method of coefficient of adaptive FIR, 
there exist many kinds of algorithm, such as RLS 
(Recursive Mean Square) algorithm.  In this study, 
LMS algorithm was chosen as simplified steep 
descent algorithm. 
 

kkkk xehh µ21 −=+  

 

LMS algorithm 
 
In the previous chapter, absorber model and adaptive 
filter control scheme were described. Now, let us 
explain system configuration. Active control system, 
shown in Fig.6 was applied here. Signal from upper 
vibration is treated as reference signal. Both output 
response of unknown system, that is, dynamic system 
and signal from adaptive filter are coupled together. 
The latter adaptive signal is inputted to VCM. By 
changing filter coefficient continuously, transmitted 
force to the ground is aimed to make minimum.    
 
 
 
1 LMS Simulation 
 
The filter is repeatedly renewed by comparing input 
signal with transmitted force, thus it to minimum. 
VCM position is controlled by this algorithm and the 
effect is proven. The effect of the adaptive control is 
understood from the simulation by using the active 
mount model. The LMS algorithm is evaluated by 
using the active mount model. Fig 
  shows the model. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
2 LMS Simulation Result 

Figure 8 shows the simulation result. Graph above 
is input vibration Fin. Graph below is Fout force 
transmitted to the highest part at active mount (LMS 
algorithm) control. When Fin=±20[ N] was input to 
the regulating system, vibrations almost 0 were 
transmitted to the highest part. That is to say, it was 
able to say that the vibration attenuation in active 
mount became possible by using the adaptive 
behavior control (LMS algorithm). 
 

 

Fig6. Adaptive Control 

Fig7. LMS Simulation Model 
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Basic Examination 

 
Fig9 shows the experimental result. The vibration 
damping of 40[dB] was obtained in whole area of the 
frequency from 20 to 50 [Hz] in control OFF and ON. 
The vibration of +5 was amplified by control OFF. It is 
thought that this is because the reaction force acts, 
actuator always keeps neutral point. As for control ON, 
it was confirmed that the vibration reduction of 30[dB] 
is obtained, and the vibration attenuation of this wet 
type active mount becomes effective as shown in the 
result of the simulation. 
 

Conclusion 

 
This research, we developed a new active mount of 
wet type using actuator. In this device, static load is 
sustained by hydraulic pressure of upper and lower 
chamber. As the result, power consumption is low 
compared with conventional device.  
First, static test jig was constructed, and fundamental 

vibration examination was conducted. We confirmed 
the effectiveness of the developed device. 
 
Detailed results are shown in the following. 
 
1: By simulation, volume flow continuity relationship 

between upper chamber and voice coil motor was 
studied. From this result, we developed adaptive 
control scheme for vibration reduction to the 
operator room. 

 
2: By basic examination, vibration attenuation of 50 to 
60[dB] was obtained in the whole area from 20 to 
50[Hz]. 
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ABSTRACT 
 

Hydraulic excavators have been popular devices in construction field because of its multi-workings and economic 
efficiency. The mathematical models of excavators have many nonlinearities because of nonlinear opening 
characteristics and dead zone of main control valve, oil temperature variation, etc. The objective of this paper is to 
develop a simulator for hydraulic excavator using AMESim. Components and whole circuit are expressed graphically. 
Parameters and nonlinear characteristics are inputted in text style. The simulator can be used to forecast   excavator 
behavior when new components, new mechanical attachments, hydraulic circuit changes, and new control algorithm are 
applied. The simulator could be a kind of development platform for various new excavators. 
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INTRODUCTION 

 
Hydraulic excavator have been popular device in 
construction field because of its multi-working and 
economic efficiency. The application of this complex 
device will be extended manufacture, agriculture, 
undersea etc. 
But its operating need very difficult skill because 
operator has to operate joysticks and pedals 
consequently. So accuracy of work is influenced by 
operator’s skill. But environment of work is poor and 
difficult skill bring about feeling fatigued fast. 
Autonomous excavator can be a kink of solution about 
previous problems and many researches have been 
achieved by many researchers. British Columbia 
university in Canada, Carnegie Mellon university in 
USA and Sydney university in Australia have field robot 

center and have made a special studies with excavator 
and many construction equipment makes have prototype 
or autonomous excavator in part. 
The paper map in field robot with excavator made 
before in my laboratory show that 56 % of papers focus 
in modeling of attachment (Boom, Arm, Bucket) using 
Lagrange Euler equation and applying control 
algorithms but hydraulic circuit and valves are modeled 
very simply. For example, main control valves having 
nonlinear open area characteristics are modeled in 
simple variable orifice and logic valves are omitted. In 
many paper, researchers use robust controller in order to 
overcome nonlinearities created by complex open area 
characteristics and dead zone of valve, single acting 
cylinder, heavy weight of attachment. Because of many 
nonlinearities, experiments are positively necessary but 
limited by time, money, place etc. 
The objective of this paper is to develop a simulator for 
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hydraulic excavator using AMESim. Components and 
whole circuit are expressed graphically. Parameters and 
nonlinear characteristics are inputted in text style. The 
simulator can be used to forecast   excavator behavior 
when new components, new mechanical attachments, 
hydraulic circuit changes, and new control algorithm are 
applied. The simulator could be a kind of development 
platform for various new excavators. 
 

ATTACHMENT MODEL 
 
Hydraulic excavator consist of upper frame, lower 
frame and attachment. Upper frame contain operating 
room, engine, pump, main control valve (MCV) and 
attachment is fixed to end of upper frame. Lower frame 
contain crawler or wheels and upper frame can rotate by 
swing motor. In this paper, attachment is modeled boom, 
arm, bucket except swing and drive and excavator 
model is 5 ton of Hyundai Heavy Industry. 
 

  
Figure 1 A Hydraulic Excavator 

 
Fig. 2 shows the coordinate systems of excavator and 
motion equation was established by Lagrange equation. 
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jijqH &&  is inertia torque including interaction torque by 
off diagonal element of attachment inertia tensors, 

kjijk qqh &&  is Coriolis and centrifugal effects and iG  is 
gravity torque. 
Fig. 3 present AMESim model of attachment. The 
supercomponent of attachment is shown right and upper 
part in fig. 3 and this contain the rest components. Each 
component contain link’s characteristic-length, mass, 
inertia etc. 
The coordinates in fig. 2 are contained the attachment 
super- component. The inputs of supercomponent are 
force of cylinder and outputs are angular displacement 
of boom, arm and bucket. 
 

 
Figure 2 Coordinates system 

 
Figure 3 AMESim model of attachment 

 
HYDRAULIC CIRCUIT MODEL 

 
Main pump operated by engine make two type of 
pressures that main pressure work each cylinder and 
pilot pressure work spool of main control valve by 
operating joystick. If operator handle joystick or lever, 
pilot pressure push the spool of MCV,  the rate and 
direction of flow is decided by spool displacement and 
direction and flow rate can decide of direction and 
velocity of cylinder. Working area is assumed 2D in this 
paper, hydraulic circuit can be simplified like fig. 4. 
Because boom up and arm dump need much flow rate, 
join of flow rate between boom 1 valve and boom 2 
valve, arm 1 valve and arm 2 valve. 
- Joystick 
The role of joystick is supplying pilot pressure to MCV 
by operate angle. The AMESim model of joystick is 
shown in fig. 5. components in dotted square are 
contained supercomponent in left hand side. Operating 
of joystick is assumed to signal between -1 to 1 and 
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pilot pressure to A, B port is directly proportional to 
signal. The input signal to joystick model is fig. 6 (a) 
and pilot pressure at port A, B is (b). In fig., pilot 
pressure response is proportional and delay is rare. 

  
Figure 4 Hydraulic circuit of excavator 

 
Figure 5 AMESim model of joystick 

 
(a) Input signal 

 
(b) Pilot pressure at A, B port 

Fig. 6 Result of joystick model 

- pump 
The pump assembly consist of  2 variable pump for 
main pressure and 1 fixed pump for pilot pressure. 
Variable pump has control algorithm for energy saving, 
this can be cha- racterized to P-Q diagram. The 
AMESim model of pump assembly is shown in fig. 7. 
Various P-Q diagram can be tested in this model easily 
because P-Q diagram is inserted by text file. For 
verification of pump model, input and output P-Q 
characteristics are shown in fig. 8. The solid line is input 
and dotted line is output. This pump model is verified 
with valve and cylinder. 

 
Figure 7 AMESim model of Boom 1 valve 
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Figure 8 Result of pump model 

- Boom 1 valve 
Boom 1 valve, decide direction and velocity of boom 
cylinder mainly, is modeled 6 port 3 position valve. The 
spool displacement-Open area diagrams contain many 
nonlinearities dead zone, saturation and unproportional 
characteristic. These nonlinear diagrams are put into 
model text file. Fig. 9 show open area diagrams. The 
velocity of boom cylinder at up and down will be 
different because of nonsymmetrical diagram.  Fig. 10 
is AMESim model of boom 1 valve. The components in 
dotted square are packed into super- component in left 
hand side in fig. Fig. 11 show that spool displacement in 
various spring stiffness. 
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Figure 9 Open area diagram of boom 1 valve 
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Figure 10 AMESim model of Boom 1 valve 

 

 
Figure 11 Spool displacement in variable stiffness 

 
Stiffness variation has influence upon valve 
displacement. Too low stiffness produce oscillation of 
spool and errors between up and down are different to 
each other. 17000 make the error to minimum and spool 
displacement is shown in fig. 12. The displacement 
error at boom up is 0.316[mm], at boom down is 
0.61[mm]. 

 
Figure 12 Spool displacement at stiffness 17000 

 
- Boom 2 valve 
The role of boom 2 valve is supply flow rate to boom 
cylinder at boom up. The boom 2 valve model has same 
structure with boom 1 valve model and different open 
area diagram. 20000 make the error to minimum and 
spool displacement is shown in fig. 13. The 
displacement error at boom up is 1.02[mm]. 
- Arm 1 valve  
Arm 1 valve, decide direction and velocity of Arm 
cylinder mainly, has same structure with boom 1 valve 
model and different open area diagram. 20000 make the 
error to minimum. The displacement error at arm dump 
is 0.0534[mm], at arm crowd is 0.284[mm]. 

- Bucket valve 
The final spring stiffness of bucket valve is 26000 and 
error at bucket dump is 0.042[mm], at bucket crowd is 
3.17[mm]. 

 
Figure 13 Spool displacement in variable stiffness 

 
Figure 14 Spool displacement at stiffness 20000 

 
- Main Control Valve(MCV) 
The main control valve block consist of previous 
hydraulic components(3.1~3.6) is shown in fig. 15. The 
working fluid through by pass go to tank and feature of 
circuit is similar to simpliflied circuit in fig. 4. The port 
relief is added to cylinder in, out port. 

 
Figure 15 AMESim model of MCV 
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TOTAL MODEL AND SIMULATION 
 
Total excavator model is constructed in fig. 16 using 
previous models. 
 

 
Figure 16 AMESim model of excavator  

Though stiffness tuning was done, results at complex 
motion is different from it at single motion. Simulation 
condition is that operate joystick 50 [%] to + for 4 [sec] , 
50 [%] to -, 100 [%] to + and 100 [%] to – of boom, arm 
and bucket simultaneously. Fig. 17 show spool 
displacement of boom 1 valve and boom 2 valve under 
simulation condition. Displacement error is bigger than 
simple motion that is because pressure at cylinder effect 
to MCV. Fig. 18 show angular displacement of 
attachment and pressures at boom cylinder are shown in 
fig. 19. 

 
Figure 17 Spool displacement of boom valves 

at complex work 

 
Figure 18 Angular displacement of attachments 

 
Figure 19 Pressures of boom cylinder 

 
CONCLUSION AND FUTURE WORK 

 
Each component of attachment and hydraulic circuit of 
excavator and total excavator is modeled with AMESim. 
To find constant spring stiffness make error to minimize 
tuning has done each valve model and result is as 
follow. 
For boom 1 valve error at boom up is 0.316[mm], boom 
down is 0.61[mm] with stiffness 17000. In case of boom 
2 valve, error at boom up is 1.02 [mm] with stiffness 
20000. Arm 1 valve, error at arm dump is 0.0534, arm 
crowd is 0.284 [mm] with stiffness 20000. In bucket 
valve, error at bucket dump is 0.042[mm], at bucket 
crowd is 3.17[mm] with stiffness 26000. So, constant 
spring stiffness can’t satisfy accuracy of spool 
displacement for all condition. In order to proportional 
to displacement of MCV it is need to construct closed 
loop type MCV. 
The AMESim model for total excavator will be used to 
verify new control algorithm or new component. Under 
being  many limit to make an experiment with real 
excavator, this AMESim model will play an active part 
in simulator or test bench. 
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ABSTRACT 
 

The hydraulic automatic gauge control (HAGC) system is the core of the automatic gauge control system in a high 
speed strip mill. A ripple of the servo valve power supply may affect the performances of HAGC. From the 
characteristics of the servo valve power supply for a HAGC system, the static relationships of the accumulator’s 
parameters and the power supply, which equips pressure compensated variable displacement pump, are analyzed. By 
the power supply system modeling and simulation, with the help of the software EASY5, the useful results have been 
obtained as follow: 1. the relationship of the rate of pressure ripple and the accumulator; 2. the adequate volume of an 
accumulator; 3. the oil pipe’s parameters and the optimal position of an accumulator; 4. the diminution of the load effect 
in actuator. 
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INTRODUCTION 
 
An automatic gauge control (AGC) in a high speed and 
precise strip mill is performed by an actuator controlled 
by electronic hydraulic servo valve (SV). This system is 
a hydraulic automatic gauge control (HAGC) system. 
The HAGC system requires that the flowrate must meet 
the demand for the actuator and the pressure of the 
supply source should be in constant. A ripple of the SV 
power supply may bring varieties of the load flowrate 
and the coefficients in the SV and therefore affect the 

accuracy and response speed or may even bring the 
stability problem of the HAGC system. In the working 
process the demands for the flowrate are variable. In the 
situations of a roller exchanging or the wide gauge 
regulating the load pressure is low and the flowrate is 
high. But in the rolling process the load pressure is high 
and the frequencies of flow ripple are high although the 
gauge regulating is small. The power supply of HAGC 
is mainly in the form of a combination of a pressure 
compensated variable displacement pump (CP) and an 
accumulator. Though the high price for the combination 
of pump and accumulator, the CP can itself adjust the 
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flowrate to meet the load and the combination is with a 
little power loss and a low temperature rise.  
In a high speed strip mill, especially in a tandem cold 
strip mill, the dimensional tolerance, hardness and the 
speed of the strip are highly rippled. How can the 
hydraulic power supply be equipped in accord to the 
technical condition and how can the parameters of the 
power supply and the pipes be selected in reason are the 
issue to be discussed. 

 
 

 
 

Figure 1 Power supply scheme 
 
 

STRUCTURE OF THE POWER SUPPLY AND 
DETERMINATION OF ITS STATIC 

PARAMETERS 
 
A power supply of HAGC is showed in Figure 1. The 
supply is basically a combination of a CP and two 
accumulators. The power supply contains CP 1, relief 
valve 2, check valve 3, filter 4, accumulator 5, filter 6 
and accumulator 7. Because of the location of a mill the 
power supply is far away from the SV. There is a 
resistance in the long pipe and the accumulator 7 is 
equipped near the inlet of SV in order to increase the 
response speed and to minimize pressure ripple in the 
inlet of SV.  
To minimize pressure ripple of the power supply two 
points must be taken into account. (1) Determine the 
static minimal nominal volumes of the two 
accumulators, one is in outlet of the pump and the other 
is in the inlet of SV. (2) Determine the reasonable 
volumes of accumulators, the length and diameter of the 
pipe and the effects of loads. 
Determination of the parameter of the accumulator 
in the outlet of pump 
A CP has a ripple of output flow and has a swivel out 
time in the pressure controller. The swivel out time of 
the CP is longer than the response time of a SV when a 
CP in the condition of minimal displacement and the 
output flow of the CP will not meet the demand of the 

SV. The lack in the flowrate may be made up by using 
an accumulator near the pump and the accumulator can 
also absorb the ripple of output flow. The Figure 2 
shows the response time of a SV, in dotted line, and the 
swivel out time of a CP, in black line. By the Figure 2, 
the net volume of the accumulator, ∆V1, is  

 
∆V1 ≥ Qs(Tp−Ts)/2−(Vgmax−Vgmin)nηv Tp      (1) 

 
where Qs is the nominal flow of a SV with a valve 
pressure differential at maximum nominal pressure, Tp 
the swivel out time of a CP, Ts the response time of the 
SV, Vgmax the maximum geometric displacement of the 
CP, Vgmin the minimum geometric displacement of the 
CP, n the shaft speed of the CP and ηv the volumetric 
efficiency of the CP. 

 
 

 
 

Figure 2 Flow for a SV and a pump 
 
 

Determination of the parameters of the accumulator 
near the inlet of the SV 
The parameters of the accumulator near the inlet of the 
SV may be determined by the rolling data of the strip 
mill. For a given maximum rolling speed, Vmax, the 
mean length, Lp, of the fluctuation in the thick of the 
steel strip can be gotten by the statistic of fluctuation 
margin of the thick. In order to eliminate the fluctuation 
the moving times, n, of actuator in swivel out time, Tp, 
of the CP is 

 
    n = Vmax Tp / Lp             (2) 

 
so, the effective net volume of the accumulator, ∆V2, is  
 

∆V2 ≥ Ac Xmax n             (3) 
 

where Xmax is the maximum displacement of actuator, 
i.e., the maximum fluctuation in the thick of a strip, Ac 
the effective piston areas of the actuator.  
 

DYNAMIC SIMULATIONS 
 

The software EASY5x, Engineering Analysis Software 
from The Boeing Company, is one of the software used 
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in hydraulic system simulation. The software is 
superiority in the modeling of programming language, 
graphical modeling and selecting of algorithm. It can be 
used to construct a highly accurate model [1], [2]. 
Simulation model and parameters 
An actual power supply of a HAGC in a tandem cold 
strip mill is taken as the case of the simulation. First, 
determine the parameters of the two accumulators by 
using Eqs. (1) and (3). Second, setup the simulation 
model in accord to configuration of the power supply 
and the load of the actuator. The simulation now can be 
performed by the data in the actual system. The 
simulation model is showed in Figure 3.  

 
 

 
 

(a) System model 
 

 
 

(b) Upstream condition model 
 

 
 

(c) Load submodel 
 

Figure 3 Simulation model 
 
In Figure 3, PUMP submodel contains the CP, check 
valve, accumulator in the outlet of pump and filter. The 

output of the PUMP submodel goes into the filter FI in 
prior the SV through long pipe PB. AB is the 
accumulator near the inlet of the SV. PB2 is the pipe 
that connects the accumulator AB and the input of the 
SV. The LOAD submodel includes SV, actuator and 
loads. All the parameters are taken from the actual 
system and the data are mainly listed as follow. Pressure 
in the outlet of the pump is 25MPa. The long pipe PB is 
50m in length, 65mm in hydraulic diameter, 0.08mm in 
absolute roughness and 1.6×1010Pa in bulk modulus. 
The nominal volume of the accumulator AB is 20L and 
its maximum precharged volume is 18.4L at 17MPa. 
The hydraulic diameter of the orifice in the port of the 
AB is 10mm and the volume of the port chamber is 0.5L. 
The connecting pipe PB2 is 2.1m in length, 32mm in 
hydraulic diameter, 0.08mm in absolute roughness and 
2.8×1010Pa in bulk modulus. 
In the simulation the frequency of the sine input sign is 
12Hz and the amplitude is 20% in rating electric current 
in accord with actual maximum capacity in LOAD 
submodel. The Gear algorithm is employed.  
Analyses for the simulation result  
Function of the accumulator near the inlet of the SV 
Figure 4 gives curves of the pressure in the inlet of the 
SV. From the figures it can be seen that the pressure has 
a fluctuation of 4.64% without an accumulator and the 
pressure is only a ripple of 0.6% with an accumulator. It 
is evident that an accumulator can effectively decline 
the fluctuation of the pressure in the inlet of the SV.  

 
 

 
 

Figure 4 Pressure in the inlet of the SV with and without 
an accumulator 

 
 

Figure 5 gives the simulation curves of pressure in the 
inlet of the SV with the several kinds of nominal 
volume of the accumulator. From the Figure 5 it can be 
seen that the rising time, from the precharged pressure 
to the working pressure, is increased and the natural 
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frequencies are become small as the nominal volume of 
an accumulator is enlarged. The results show the same 
conclusion as the Zhan’s work [4]. It can be also seen 
that the fluctuation of pressure in the inlet of the SV is 
decreased with a large volume of an accumulator. When 
the volume is aggrandized to 24L, the fluctuation 
remains nearly unchanging. This shows that the nominal 
volume of an accumulator has a limit in the 
absorbability to the pressure fluctuation. 

 
 

 
 

Figure 5 Pressure with several nominal volumes of the 
accumulator 

 
 

Effects of the length and diameter of the pipe 
Figure 6 shows the simulation curves of the pressure in 
different lengths of pipe between the port of the 
accumulator and the SV, i.e. PB2 in Figure 3. The 
fluctuation of the pressure in the inlet of the SV is 
reduced as the length decreasing. This indicates that a 
longer pipe has a larger fluctuation in the system. 
Figure 7 shows the simulation curves of the pressure in 
different diameters of pipe between the port of the 
accumulator and the SV. The fluctuation of the pressure 
in the inlet of the SV is largely reduced as the diameter 
is increasing. This indicates that a too large diameter of 
pipe is not necessary in the system. 
Contribution of the loads in actuator 
Figure 8 gives curves of pressure in the inlet of the SV 
with the several kinds of nominal volume of the 
accumulator at the 5%, 10% and 15% of the maximum 
loads. By comparing the three charts it is evident that 
the loads have no effect on the pressure in the inlet of 
the SV as the nominal volume of the accumulator is 
equal to or over 20L. 

 
CONCLUSION 

 
By using other frequency and amplitude of input sign of 
the SV the simulation gives the similar results as the 
above simulation in another nominal volume of the 

accumulator. The simulation results are highly close to 
the actual data. From the above model and simulation it 
can sum up as follows. 1) The accumulator at the inlet 
port of the SV plays an important role in the weakening 
of the fluctuation of the pressure at the inlet port of the 
SV. 2) The nearer the port of the accumulator is to inlet 
port of the SV, the smaller the fluctuation of pressure is. 
Because there is resistance in the port of an accumulator, 
it is useful that the inner diameter is adequately enlarged. 
3) By a proper selection of the nominal volume of an 
accumulator the effect on the pressure at the inlet of the 
SV will reduce to a least extent. 
 
 

 
 

Figure 6 Pressure with different lengths of the pipe 
 
 

 
 

Figure 7 Pressure with different diameters of pipe 
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Figure 8 Pressure in different loads 
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ABSTRACT 
 
Recently an oil-hydraulic system has been compact and high-pressurized and that causes the steep rise of the system 
temperature because of the small heat volume. When the system temperature has risen so much, characteristics of the 
working oil deteriorate and the system will be dangerous finally. 
It is very important to study a simple and precise way to predict the temperature rise of the system. The lost power rises 
the system temperature. Bondgraph method is convenient to predict power loss because the method is based on the 
concept of power transmission. Consequently, the Bondgraph method is very available to predict the system 
temperature rise of oil-hydraulic systems. 
The oil-flow dynamics with the heat generation mechanism was modeled one-dimensionally using ordinary differential 
equations by Bondgraph method, which is very convenient for modeling and simulation of heat generation. On the other 
hand, the heat transfer in the housing was analyzed three-dimensionally using the partial differential equation of heat 
conduction. The prediction of the temperature distributions were calculated effectively by coupling these two kinds of 
equation systems. In the present paper, this prediction method is applied to a real oil-hydraulic system. The simulation 
result was compared with the experimental results and they agreed very well. 
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Nomenclature 
 

A : Cross-section Area      [m2] 
Ah : Surface Area of the Housing   [m2] 
c : Specific Heat       [J/kgK] 
d : Diameter of the Pipe      [m] 
dt : Time Step        [s] 
E : Internal Energy       [J] 
Gr : Grashof Number       [-] 
g : Acceleration of Gravity    [m/s2] 
h : Heat Transfer Coefficient    [W/m2K] 
K : Bulk Modulus        [Pa] 
L : Characteristic Length     [m] 
l  : Length of the Component    [m] 
Nu : Nusselt Number        [-] 
P : Pressure         [Pa] 
Pr : Prandtle Number       [-] 
Q : Volume Flow Rate      [m3/s] 
q&  : Work of Heat Transfer     [W] 

Re : Reynolds Number       [-] 
T : Temperature        [K] 
Tamb : Ambient Temperature     [K] 
To : Torque         [Nm] 
Twall : Temperature of the Wall    [K]  
V : Volume of the Component    [m3] 
Vth : Thrust Volume per One Revolution [m3/rev] 
W : Work of Working Oil     [W] 
β  : Coefficient of Thermal Expansion   [1/K] 
Γ  : Thermal Diffusivity     [m2/s]  
δ  : Kronecker Delta      [-] 
λ  : Thermal Conductivity     [W/mK]  
µ  : Viscosity Coefficient     [kgm/s] 
ρ  : Density         [kg/m3] 

 
INTRODUCTION 

 
Recently an oil-hydraulic system has been made which 
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is compact and high-pressurized. In high-load drive 
state as well as low-load drive state and long time drive 
state, the system temperature is apt to rise steeply 
because of the small heat volume, heat release area and 
large heat generation. As a result, temperature of 
working oil becomes higher, characteristics of working 
oil deteriorate and the system is finally dangerous. 
Therefore, it is important to predict heat generation and 
heat transfer in the system for secure drive. At all, it is 
necessary to verify result of design by experiments. As 
the experimental cost is high, however, it is expected to 
design using numerical calculation for low cost. 
In order to obtain heat characteristics of the system 
using numerical calculation, it is necessary to consider 
heat generation in oil passages and valves, heat 
conduction through the housing and heat transfer to the 
air, etc. So, for the designing this system, three 
dimensional modeling is necessary to predict the heat 
generation and heat transfer. However, the shape of the 
system is very complex and precise three dimensional 
modeling needs much calculating time. Hence, this long 
calculation time is not useful for designing. 
Studies on the heat generation and heat transfer in 
oil-hydraulic systems have been performed by many 
researchers. For example, Johansson et al.(1) investigated 
the temperature distribution in an aerospace actuation 
system. Yamamoto et al.(2) studied the heat generation 
and temperature distribution in an oil-hydraulic system 
of a mobile crane. However in all of them based on 
one-dimensional modeling with lumped parameter 
systems, the prediction of the temperature distribution is 
not enough accurate for design a real system and 
components though it is important to know roughly the 
characteristics of the system.  
In this study, the oil-flow dynamics with the heat 
generation mechanism was modeled one-dimensionally 
using ordinary differential equations by Bondgraph 
method, which is very convenient for modeling and 
simulating of heat generation because the method is 
based on the power transmission. On the other hand, the 
heat transfer in the pump housing was analyzed three 
dimensionally using the partial differential equation of 
heat conduction. The prediction of the temperature 
distributions were calculated effectively by coupling 
these two kinds of calculation systems. 
In the present paper, this coupled method is performed 
in a simple model such as an oil-pipe. Then, this method 
is applied to a real oil-hydraulic system which consists 
of pipes and a pump etc. Comparing calculation results 
with experimental results, verifies this method in the 
system. 
 

METHOD OF COUPLED ANALYSIS 
 

Model of heat balance 
 A pipe is a basic and indispensable component in an 
oil-hydraulic system. Temperature of each pipe 

component is simulated by heat balance among the heat 
generation in the component, the heat transfer from the 
pipe wall to the internal oil and heat transportation 
between the neighboring components of the pipe. The 
diagram of this heat balance is shown in Fig. 1. In this 
figure, subscript i indicates the index of a pipe 
component, i-1 indicates the index of the upstream side 
component and i+1 indicates the downstream side 
component. 
Assuming that working oil dose not work to the outside 
of the pipe component i, rate of internal energy increase 
is expressed as follow. 
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Temporal energy change in the pipe component i using 
its temperature is expressed as follow. 
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dTVc

dt
dE i

i
i ρ=            (2) 

 
It is assumed that working oil is incompressible fluid, 
following equation is derived from equation (1) and (2). 
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where, subscript n indicates iteration time. In the above 
equation, the first term of right-hand side indicates lost 
power or heat generation based on pressure loss in the 
pipe component i, the second term indicates heat 
transportation from the upstream side component, and 
the third term q&  indicates expressed by the following 
equation. 
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where, the first term of right-hand side is heat transfer 
between inner wall of pipe and working oil effects and 
the second term is heat conduction between neighboring 
components of pipe. 
 
Method of data-exchange 
For the coupled calculation, the temperature data are 
exchanged between Bondgraph-program (Here after 
BG-Program) and FEM-program at the interface such as 
the pipe inner wall surface. This technique is illustrated 
in Fig. 2, in which a room partitioned by solid lines 
corresponds to i th component in the Bondgraph model 
of the pipe inside. Top side indicates the pipe housing 
and is divided into many elements for FEM-program. 
Generally the number of element in FEM-program is 
still more than that in BG-program. FEM-program is 
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Fig. 1 Heat Balance 
 

three dimensional and BG-program is one dimensional. 
In exchanging the data on the interface, the mean value 
of temperature distributed in the elements facing i th 
component in Bondgraph model is given to BG- 
program as the additional input temperature of the 
component. 
And, the new temperature is calculated in i th 
Bondgraph component through Eq. (3) in BG-program. 
From the new temperature, new heat flux is calculated 
and given to FEM-program as the boundary condition. 
Because the time constant is quite different between 
BG-program and FEM-program, FEM-program is run 
once a 103-104 iterations of BG-program. By repeating 
this calculation circuit, the system dynamic 
characteristics inside the pipe and temperature 
distributions in the pipe housing are calculated 
simultaneously. 
 

COUPLED ANALYSIS IN AN OIL-PIPE 
 

Analysis model 
Fig. 3 shows a pipe as a simple test model for the 
coupling. The pipe length is 500[mm], inside diameter 
of the pipe is 10[mm], outside diameter is 25[mm], and 
thickness of the pipe housing is 7.5[mm]. Table 3 shows 
parameters used in this analysis. 
 

Table 1 Analysis conditions for coupled analysis 

Initial 
condition 

Pipe housing: T=100[℃] 
Working Fluid: T=20[℃], P=0[Pa], 

Q=0[m3/s] 
Boundary 
condition Inlet: u=0.1[m/s] Outlet: P=0[Pa] 

Time step FEM: dt=0.1[s]  BG: dt=1.0E-6[s] 

Physical 
property 

Pipe housing: λ =16[W/mK] 
ρ =7920[kg/m3], c=499[J/kgK] 
Working fluid: K=6.89E+8[Pa] 
c=1591[J/kgK], ρ =1070[kg/m3] 
µ =0.021[Pas], λ =0.135[W/mK] 

Heat tranfer 
coefficient 

Housing to Air: Adiabatic 
Housing to Oil: h=104.5[W/m2K] 

 
Bondgraph model of the oil passage 
The Bondgraph model which is expresses an oil passage 
is shown in Fig. 4. In this figure, SF element 
corresponds to the inlet velocity as the boundary 
condition, SE element to the outlet pressure similarly, C 
elements to the volume effect of working oil and R 
elements to the pressure loss which causes heat 
generation by the wall friction. One component of pipe 
inside is represented by a pair of C and R elements. In 
this model, the pipe inside is divided into four 
components. In this case, the inertial effect of the oil 
column is ignored. 
Characteristic equations in C and R elements are 

represented as the Eqs. (5) and (6), respectively. 
 

dtQ
V
KP ∫=           (5) 

 

P
l

dQ ∆=
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π
128
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          (6) 
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Fig.2 Interface between FEM and Bondgraph 
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Fig. 3 Test model for coupled analysis 

 
Fig. 4 Bondgraph model 
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Fig. 5 Temperature change at inlet and outlet 

 
Eq. (5) indicates the volume effect in each component 
and Eq. (6) the relationship between the pressure loss 
and the flow rate. 
 
CFX-5 
CFX-5, a commercial code for thermo-fluid flow 
analysis, is used in this study to verify the results 
through BG-method. Governing equations of CFX-5 are 
the Navier-Strokes equations, the energy equation, the 
continuity equation and the heat conduction equation. 
By calculating these equations, the distribution of 
velocity, pressure and temperature in the fluid are 
obtained. Heat conduction equation solves temperature 
distributions in the housing. Power loss of the working 
oil is easily obtained from the dissipation function in the 
continuity equation. Discretization of these equations is 
performed along finite volume method and tetra-mesh is 
used as a mesh type. 
 
Condition 
Temperature of the pipe housing is anywhere 100[℃] 
and that of working oil is 20[℃] as the initial condition. 
As the boundary condition at the inlet the velocity is 
0.1[m/s] and the temperature is 20[℃]. At the outlet the 
pressure is 0.0[Pa]. The external wall surface of pipe 

housing is adiabatic. Heat conductivity of the housing 
and working oil are 16[W/mK] and 0.135[W/mK], 
respectively. Heat transfer coefficient between the 
housing and the working oil is 104.5[W/m2K]. In this 
calculation, mesh type is tetra-mesh, the number of 
elements 32000, and that of nodes 7000. The result 
through this coupled calculation technique (hereafter 
FEM&BG) is compared with result of CFX-5.  
 
3.5 Results 
Fig. 5 shows the comparison between FEM&BG and 
CFX-5 on temperature change of working oil at the inlet 
and outlet. Abscissa and ordinate axis are expressed 
time[s] and temperature[℃], respectively. Triangle and 
square symbols indicate the results by FEM&BG and 
the solid line the results by CFX-5. Black and gray line 
and symbols indicate the temperature at the inlet and the 
outlet. Here the temperature represented by triangle and 
square symbols means the temperature averaged in 
Bondgraph components at the inlet and outlet, 
respectively. These results have the same tendency and 
the temperature difference between FEM&BG and 
CFX-5 is not more than 1.0[℃]. These results proved 
the availability of coupled analysis with FEM&BG. 
 

THERMAL ANALYSIS OF REAL SYSTEM 
 

Real system 
Fig. 6 shows a real circuit for this study. This system 
consists of an axial piston pump, pipes and a cylinder. 
Highly-pressurized working oil flows from the pump to 
the cylinder through pipes ① and ③. The working oil 
with low pressure in the cylinder flows out from the 
cylinder rod chamber to the pump through pipes ④, ⑦ 
and ⑧. 
In this analysis, the supplied pressure balances load of 
the cylinder so that the cylinder rod keeps the same 
position. In this driving state, working oil dose not flow 
in the high pressure side (pipes ① and ③). 
Consequently, working oil circulates in the leakage pipe 
(⑤ in Fig. 6), a valve (⑥ in Fig. 6), the low pressure 
side (⑦ in Fig. 6) and return line of the circuit (⑧ in 
Fig. 6). System dynamics of working oil is considered 
in ⑤, ⑥, ⑦ and ⑧, modeled using Bondgraph. The 
pump housing is modeled using FEM.  

LOAD

Pump

Cylinder

 
Fig. 6 Real system 

500[mm]

10.0[mm] 25.0[mm] 

0.0[Pa] 
20.0[℃] 
0.1[m/s] 

100.0[℃] 
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Bondgraph model 
Fig. 7 shows a system Bondgraph model of dynamic 
characteristics of the working oil in ⑤, ⑥, ⑦ and ⑧. 
Table 2 shows characteristic equations which are used in 
each element of Bondgraph. In addition, LOAD in the 
Table 2 changes temporally, and the detail of the LOAD 
is shown in Table 3. 
 
Table 2 BG-elements and their characteristic equations 

 
FEM model 
The housing of the axial piston pump is modeled using 
FEM. The grid of its pump is shown in Fig. 8. The 
number of elements and nodes are 22,600 and 5,600, 
respectively. 
 
Analysis condition 
Torque loss in the pump 
Because mechanics of the axial piston pump is very 
complex. The component and the inside working oil are 
integrated as a one heat source as the simple model. The 
axial piston pump generates torque loss which is caused 
by mechanical friction loss and fluid loss. This torque 
loss is expressed by following equation. 
 

π
µ

2
PVC

nVCTo thf
thv

∆
+=∆        (7) 

 
In the above equation, the first and second term of 
right-hand side indicates viscous friction loss and the 
mechanical friction loss, respectively. 
 
Heat release from the pipe 
Oil flows inside of the pipe due to leakage from the 
axial piston pump. So, heat transfer (Nusselt number) 
from the working oil to the pipe housing is expressed by 
following equation. 
 

333.08.0 *023.0 PrReNu =        (8) 

Eq. (8) is Colburn’s formula which means heat transfer 
by forced convection. 
Flow of air around the pipe housing is caused by natural 
convection. So, heat transfer (Nusselt number) through 
the pipe housing to the ambient air is expressed by 
following equation. 
 

25.0)*(53.0 PrGrNu =         (9) 
 
Eq. (9) is empirical formula which means heat transfer 
by natural convection for the circular shape. Grashof 
number in Eq. (9) is calculated by following equation. 
 

2

3)(
ν

β LTTgGr wallamb −=        (10) 

 
Heat conduction of the pipe housing is ignored in this 
analysis because, its thickness is only 1.0[mm]. But, 
heat capacity of the pipe housing is considered in this 
calculation. Table 3 shows parameters used in this 
analysis. 
 

Table 3 Analysis Parameters 
Parameters Amount of Parameter 
Pipe length L: 3.0 [m] 

Time step FEM : 1.0E-1 [sec] 
Bondgraph: 1.0E-4 [sec] 
- Pump Housing- 
ρ : 2688.0 [kg/m3], c: 905.0 [J/kgK], 
λ : 273.0 [W/mK] 
-Pipe Housing- 
ρ : 7920.0 [kg/m3], c: 499.0 [J/kgK] Physical 

property -Working Oil- 
c: 1591.0 [J/kgK], λ : 0.135 [W/mK], 
K: 1.0E+6 [Pa], 
ρ : -0.7747(T-273.15)+1085.9 [kg/m3] 
ν : 129.03*(1.8T+672.0)-3.06 [m2/s] 

LOAD of 
the Pump 

0[min] to 190[min]: 3.1E+7 [Pa] 
190[min] to 205[min]: 2.7E+7 [Pa] 
205[min] to 220[min]: 2.4 E+7[Pa] 
Over 220 [min]: 2.0E+7 [Pa] 

Leakage 
coefficient sC : 1.56E-9 [-] 

Torque loss 
coefficient fC = 0.017[-], vC =2.3E+6 [-] 

 
Results 
Fig. 9 shows temperature change at the axial piston 
pump. In this figure, black line shows numerical 
analysis result and gray line shows experimental result. 
Abscissa and ordinate axes are time [min] and 
temperature [K], respectively. Temperature change of 
the pump becomes steady state at 190 minutes, and in 

Components Elements Equations 
Pump of high pressure 
side SE1 LOADP =  

Pump of low pressure  
side SE2 0PP =  

Pressure loss effect of 
the pump R1 PVCQ ths ∆=

πµ2
 

Pressure loss of the 
pipe  

R2, R3, 
R4, R5 P

l
dQ ∆=
µ

π
128

4
 

Volume effect of the 
pump C1 dtQ

V
KP ∫=  

Pipe volume effect of 
the pipe 

C2, C3,  
C4 dtQ

V
KP ∫=  
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this state, temperature is about 353 [K]. After 190[min], 
temperature of the pump is decreasing due to pressure 
of the pump is decreasing. Numerical and calculation 
results have the same tendency, and they agreed very 
well. 
Fig. 10 shows flow late of leakage which is generated 
from the pump. In this figure, black line shows 
numerical analysis result and gray line shows 
experimental result, respectively. Abscissa and ordinate 
axes are time [min] and leakage [cc/min], respectively. 
In these results, leakage from the pump increases as 
time advances until 190[min]. After that, decreasing 
load of the cylinder, leakage of the pump decreases due 
to pressure of the pump decreases. These results are 
agreed very well. 
 

CONCLUSIONS 
 

In this study, the housing of the axial piston pump is 
modeled by FEM and dynamic characteristic of working 
oil is modeled by Bondgraph method. And a new 
analysis method coupling BG- and FEM-program has 
been proposed. In this study, calculation results agree 
well with the experimental results. So, the proposed 
coupled analysis has been verified useful. 
This coupling calculation technique can save much 
computing time than that through a commercial code. It 
can effectively be applied to solve system dynamics and 
heat problems in many real oil-hydraulic systems. 
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Fig. 7 System bondgraph model 

 

Fig. 8 Computational grid for pump housing 
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Fig. 9 Temperature change of the Pump 
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Fig. 10 Leakage from the Pump 
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ABSTRACT 
 
This study is an experimental investigation on porous media in feeding system of aerostatic bearings. The experiments 
were conducted using sintered bronze cylindrical inserts of different length, diameter and particle size. The work outlines 
two types of experiments namely: a) the measurement of mass flow rate through single porous resistance with different 
upstream and downstream pressures; b) the study of pressure distribution, on a pneumatic pad featuring porous 
resistance feeding system. The set-up used for the former included the device under test, a flow regulator and pressure 
transducers. For the latter the set-up included the pad under test and a stationary bearing member under the pad to 
evaluate pressure distribution by means of a pressure transducer.  
The immediate objective of the work is to define a fluid porous resistance to be provided on the pad, equivalent to that of 
a 0.25 mm calibrated orifice already applied to a similar pad. 
 
 

KEY WORDS 
 

Air feeding systems, Porous media,  Forchheimer law 
 

 
NOMENCLATURE 

 
 D : Nominal porous resistance diameter 

pD : Average particle diameter 

 L : Nominal resistance length 
 G : Mass flow rate  
 P : Absolute pressure under the pad 
 P1 : Upstream insert absolute pressure 
 P2 : Downstream insert absolute pressure 
 PS : Absolute supply pad pressure  
 V : Volume of porous resistance 
 d : Diameter of calibrated orifice 

 l : Length of calibrated orifice 
 h : Air gap  
m  : Mass of porous resistance 
 r : Radial coordinate 
δ : Pocket depth  
γ : Density of bronze 
φ : Porosity 
 

INTRODUCTION 
  

In air devices, concentrated resistances normally consist 
of calibrated orifices of suitable diameter and length. The 
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precision required creates problems which at times are 
difficult to solve, especially for diameters smaller than 
0.1 to 0.2 mm which are also easily clogged. To minimise 
the problem sintered resistance inserts of suitable shape 
may be used. 
The performance of porous resistances has been the 
subject of intensive study. Porous resistances may be 
regarded as an array of multiple tortuous ports 
resembling many tiny parallel-connected resistances. In 
terms of laminar flow they may be described as adhering 
to the Darcy law, and for the higher Reynolds numbers a 
modified Forchheimer law would apply [1] - [7]. 
Although basic studies are long established, research 
has recently aroused widespread interest in this area, as 
shown for instance by the rich bibliography on 
applications such as feeding systems for air bearings. 
Results obtained indicate that careful resistance design 
may bring benefits in terms of load, stiffness and 
damping of air bearings [8] - [15].  Material porosity may 
be achieved in various ways, from conventional metal 
powder sintering to the more recent laser drilling after 
surface densification by mechanical rolling and use of 
porous plastics. In all cases the parameter which is 
critical for porous resistance bearings is the permeability 
of the material, which in turn is highly dependent on the 
type of process selected for achieving porosity.  
This work investigates sintered bronze porous 
resistances having conductance similar to that of a 0.25 
mm dia., 0.5 mm deep calibrated orifice. A number of 
specimens of different particle size and dimensions were 
flow tested. Subsequently, we studied the behaviour of 
an air pad in which the calibrated orifice is replaced with 
interchangeable porous resistances.  Results obtained in 
terms of pressure distribution and air consumption are 
useful for evaluating output coefficients [17 - 18]. 
 

POROUS DEVICES TESTED 
 

As resistance material we selected three types of 
commercial bronze powders of different grain size. 
Powder consists of 89% copper, 11% tin and is globular 
in shape. Average diameter pD  for each grain size was 

obtained from a statistical sample 200 granules. 
Diameters for the three types are 114µm, 66µm and 52µm 
respectively. Figures 1, 2 and 3 show magnified views of 
the three powders. Powders were sintered in cylindrical 
dies at 780°C for 130 minutes. Test specimen size is 
nominal dia. D = 3 mm by nominal length L = 3mm or L = 
5 mm. Many specimens were produced in order to verify 
repeatability of experimental results for each type of 
resistance. Shrinkage of sintered material caused 
dimensional changes relative to nominal size. Table 1 
shows the various types of resistances tested and actual 
average sizes. 

 
Figure 1: Powder particle size pD  = 114 µm 

 

 
Figure 2: Powder particle size pD  = 66 µm 

 

 
Figure 3: Powder particle size  pD = 52 µm 

 
Figure 4 illustrates a macroscopy of porous resistances 
“c” and “d”; figures 5, 6 and 7 show magnified base 
surfaces of resistances obtained with the three different 
grain sizes. Note how particle size is smaller than that of 
untreated powder due to linking effect of sintering.  
 

Table 1: Dimensions and particle size of porous 
resistances 

Resistance 
Ref. 

D Deff L Leff pD  

 [mm] [mm] [mm] [mm] [µm] 
a 3 2.93 3 2.81 114 
b 3 2.99 5 4.69 114 
c 3 2.94 3 2.77 66 
d 3 2.95 5 4.60 66 
e 3 2.86 3 2.74 52 
f 3 2.91 5 4.57 52 

100 µm 

100 µm 

100 µm 
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Figure 4: Photo of resistances “c” and “d” 

 
Actual porosity is the ratio of fluid flow active volume to 
resistance total volume. Total porosity is the ratio of 
volume of all voids of the resistance to total volume. 
Actual or effective  porosity is more significant than the 
latter, as some voids may well be impossible to be 
penetrated by the fluid. However, total porosity 
provides a quick indication of material porosity through 
assessment of dimensions and sintered mass in relation 
to density of material. Actual porosity is lower than total 
porosity as per suitable correction factors.   
Total porosity Φ  is: 
 

Φ  
V

m
⋅

−=
γ

1   

 
where 33 kg/m 1074.8 ⋅=γ is the density of bronze 89-
11, m is the mass of porous resistance and V  is the 
total volume. Tests conducted for each grain size on 
several specimens of different lengths have yielded the 
average values given in Table 2: 
 
 

Table 2: Average values of porosity 
 

Resistance 
Ref. 

pD  [µm] Φ  
 

   

a ,b 114 0.351 
c , d 66 0.334 
e ,  f 52 0.294 

 
 

MONITORING OUTPUT CHARACTERISTICS 
 
Two types of tests were conducted using specific set-
ups. 
 
a) Porous resistance flow test 
Figure 8 shows the set-up produced for this test.  Each 
porous resistance (1) was adhesive bonded to a metal 
sleeve (2) to seal possible leakage between specimen 
side face and sleeve. Owing to the difficulty of achieving 
good repeatability of resis tance-to-sleeve bond, 

resistance effectiveness may vary, often considerably, 
among different specimens of the same type. 

 

 
Figure 5: Magnified sintered powder 

particle size pD  = 114 µm 

 

 
Figure 6: Magnified sintered powder 

particle size pD  = 66 µm  

 
 

 
Figure 7: Magnified sintered powder 

particle size pD  = 52 µm 

 
To overcome the problem, bonding tests were carried 
out using different specimens of the same type until 
satisfactory flow reading repeatability was obtained. 
Subsequently, six porous resistances as shown in Table 
1 were fitted to six sleeves. All sleeves are of equal 
geometry and size so as to be interchangeable in the 
flow test device. Each sleeve is installed between 
flanges (3) and (4) connecting air inlet and outlet tubing. 
Flanges incorporate test ports for pressure P1 and 
pressure P2  upstream and downstream of resistance 
under test. Resistance inlet incorporates high-efficiency 
air filters (5) and pressure regulator (6), resistance outlet 

100 µm 

100 µm 

100 µm 
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is provided with variable resistance (7) and flowmeter 
(8).  Figure 9 shows a resistance in position inside 
sleeve. 
 

DX BX

0

210

3

2
1

45 

6 7 

8

P
1 2

P

D

L

2

1

 
Figure 8: Test set-up for single porous resistance 

 
 

 
 

Figure 9: Illustration of resistance “a” bonded to sleeve 
 
 
Figures 10, 11 and 12 show results of all resistances 
tested. Unbroken lines represent L = 3 mm, broken lines 
represent L = 5mm.   
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Figure 10 : Flow rates of inserts “a” (unbroken lines), 
and for inserts “b” (broken lines) 
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Figure 11 : Flow rates of inserts “c” (unbroken lines), 

and for inserts “d” (broken lines) 
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Figure 12 : Flow rates of inserts “e” (unbroken lines), 

and for inserts “f” (broken lines) 
 

For the sake of comparison, Figure 13 shows flow 
characteristic of d = 0.25 mm dia., l = 0.5 mm deep 
calibrated orifice.  
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Figure 13: Flow rate readings for d = 0.25 mm, l = 0.5 mm 
calibrated orifice. 
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It can be seen that the resistance “f” shows a behavior 
similar to that of the calibrated orifice. Note that for 
porous resistances and for P2/ P1 readings approaching 
one, curves are more linear than that of calibrated orifice. 
For lower P2/ P1 readings curves tend to become 
parabolic. This behaviour may be explained by the Darcy 
- Forchheimer relation [1-7] which considers both the 
effects of laminar flow for small pressure differentials 
upstream to downstream of porous resistance, and the 
effects of turbulent flow for greater pressure drops. 
 
b) Opposed pad test 
A thrust air pad incorporating porous resistances was 
tested to evaluate pressure distribution. The pad, shown 
in Figure 14, is cylindrical in shape and permits the 
installation of sleeves described above. Thus, 
individually tested specimens could be installed in the 
pad, thereby obtaining a direct comparison of flow rate 
readings with and without opposed pad in order to 
avoid repeatability problems due to adhesive bonding 
conditions. 
A test set-up [17] was constructed for evaluating static 
load capacity, pressure distribution and air consumption 
of flat aerostatic pads with supply systems of this type 
as a function of air gap. Figure 15 shows the layout of 
pad set-up. The set-up frame consists of a base (1), three 
columns (2) and a crossmember (3). The air gap is 
provided between pad under test (4) and stationary 
bearing member (5). Pad (4) can move vertically by 
means of screw (6) and handwheel (7). Depth of air gap 
is monitored by three micrometer transducers (8) resting 
on plate (9) connected to the pad. Thrust on the pad is 
monitored by load cell (10).  
 

20 r

22

 
 

Figure 14: Pad under test 
 

Figure 16 shows detail of central area of pad (4) and 
stationary bearing member (5), parallel faces thereof 
being spaced at a distance h. Porous resistance (1) and 
sleeve (2) are clearly visible. Sleeve profiles are offset 
internally relative to pad by the amount s. Each porous 
resistance examined is internal to sleeve profile at a 
depth δ which varies case by case. Moreover, owing to 
the nature of the sintered material, outer profile of 
resistance is not consistent; in fact it varies significantly 
in radial direction r, and in circumferential direction θ. 
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Figure 15: Pad test set-up 

 
Table 3 shows actual average specimen depth δm, max. 
depth change ∆δ and the value of s for the six test 
specimens. 
Tests were conducted on all resistances at pad feed 
pressure SP  = 0.4, 0.5 and 0.6 MPa, for gap size h = 9 
and 14 mµ . As an example, Figure 17 shows the pattern 
of radial distribution of pad pressure for resistance “f” at 
feed pressure SP = 0.6 MPa.  

δ 
(r,

 θ
)

s

r 5

1 2 4

h
1.5 mm

2.5 mm
 

 
Figure 16: Center area of pad and stationary bearing 

member 
 

Table 3: Average depth of resistance profile from edge 
of pad δm, max. change thereof ∆δ, and s 

 
Resistance 

Ref. 
δm   

[µm] 
 

∆δ 

[µm] 
s 

[µm] 

a 170 25 34 
b 118 18 10 
c 140 20 23 
d 501 15 22 
e 340 22 15 
f 205 26 22 



100193 BELFORTE 6 / 6   

1
1,3
1,6
1,9
2,2
2,5
2,8
3,1
3,4

0 2 4 6 8 10 12 14 16 18 20
Radial distance r (mm)

P 
(P

a)

9

14

 
Figure 17. Example of radial absolute pressure 

distribution across pad with resistance “f” 
 
 

CONCLUSIONS 
 

Experimental investigation of porous inserts has yielded 
solutions for replacing fluid resis tances with 
concentrated orifices. 
Test methods and equipment have been developed for 
evaluating fluidic behaviour of porous resistances. 
These porous resistances can also be utilized in 
pneumatic valves. 
Characterization testing of porous resistances according 
to the Darcy-Forchheimer laws is currently in progress. 
The results of this work will be the subject of a future 
paper. 
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ABSTRACT 
 
A high performance pneumatic silencer to reduce unpleasantness of the noise is newly developed in this paper. It is 
shown that a sound effect of fade-in found by consideration of results from ergonomics is obtained by the silencer. The 
silencer consists of three kinds of silencers and a device. The device uses artificial muscle utilized a shape memory alloy. 
It is cleared that sound power level of the silencer is very low. 
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Introduction 
 

Noise radiated from pneumatic system causes 
discomfort to us. Especially when the pneumatic system 
is applied to medical and welfare apparatus, a new 
consideration about the noise reduction is necessary. 
Granted that A-weighted sound pressure level is low, a 
comfortable sound environment is not provided for 
people in a room. It has been reported that a sound 
effect of fade-in reduces annoyance by simulations 
[1][2]. The fade-in is an acoustic characteristic that the 
A-weighted sound pressure level gradually increases.  

In this paper, a high performance pneumatic silencer 
having an effect of the fade-in is developed. Artificial 
muscle is used as an actuator in the fade-in device. The 
number of artificial muscle and conditions of electrical 
power supply to it are investigated. The acoustic 
characteristics of the silencer are examined. 
 

Nomenclature 
 
LA : A-weighted sound pressure level [dB(A)] 
LwA : A-weighted sound power level [dB(A)] 
 



B.G.N. : Back grand noise [dB(A)] 
t0: Time at which a spool starts to move [s] 
t1: Time at which the spool stops [s] 
Q : Volume flow rate through a restriction  [L/min] 
 

Experimental apparatus 
 

Figure 1 shows a high performance pneumatic 
silencer and noise measuring system. The noise occurs 
aerodynamically when compressed air flows through a 
restriction in a pipe. A pneumatic silencer installed 
downstream from the restriction reduces the noise. 
Diameter of the restriction is 2.0mm. The silencer 
combines a silencer T1, a silencer T2, a speed controller, 
and a fade-in device. The silencer T1 is composed of a 
silencer HPS[2] and a silencer NS. The silencer T2 is 
used a silencer SHPS[2] instead of silencer HPS. The 
silencer HPS and SHPS consist of three different types 
of silencers; blow-off type, resonator type, interference 
type, and expansion chamber. Silencers NS having 
sound absorbing material are connected to them in 
series, respectively. Effective areas of them are 58.4mm2 
(NS), 30.3mm2 (HPS), 37.2mm2 (SHPS). The fade-in 
device is set on a position e in Fig.1 and a speed 
controller on a point f.  

A condenser microphone is put at the position of 1m 
away from the high performance pneumatic silencer and 
at 45 degrees to the center line of the silencer[3]. 
A-weighted sound pressure level LA is measured. The 
level of back grand noise B.G.N. in the anechoic room, 
which is defined as A-weighted sound pressure level 
measured when air isn’t supplied to the silencer, is 
27dB(A). 

The high performance pneumatic silencer is 
surrounded by a measurement surface as shown in 
Figure 1. A-weighted sound power level LwA based on 
the sound intensity through it is calculated. A sound 
intensity probe sweeps on the measurement surface with 
a constant speed. The sound intensity probe containing a 
matched microphone pair is constructed on a 
face-to-face design. 
 
 
 
 
 

 
Figure 1 Noise measuring system 

 

 

 
Figure 2 Artificial muscle 

 
Table 1 Dimensions of artificial muscle 

 Original  Stretched 
 dimensions dimensions
Diameter of coil D mm 0.85 0.75 
Diameter of wire d mm 0.20 0.20 
Stretched Length L mm - 42 
Original Length  L0 mm 20 - 
Number of turns n 85 85 



Design of a high performance pneumatic silencer 
 

Artificial muscle utilized a NiTi shape memory alloy 
is used as an actuator in the fade-in device for control of 
spool movement. Table 1 shows dimensions of the 
artificial muscle got into a spiral shape. The artificial 
muscle is stretched from the original length as shown in 
Figure 2. Heat is produced by running direct current 
through the artificial muscle and it shrinks to. The 
artificial muscle returns again to the stretched length if 
it is cooled. 

Figure 3 represents the experimental setup to 
determine the number of the artificial muscle and helical 
extension spring. The springs and the artificial muscles 
are attached to a spool in a tube. The spool is returned to 
the initial position by the springs after breaking in a 
circuit. Spring constants of the spring A and spring B 
are 88.8N/m and 97.6N/m, respectively. 

Figure 4 shows on/off pattern and displacement of the 
spool. Table 2 shows time t0 at which the spool starts to 
move and time t1 at which the spool stops under four 
tests using the spring A. According to increase of the 
number of the spring, time t1 -t0 is getting long. Times, 
however, are short for the fade-in[1]. Table 3 shows 
time t1 -t0 under two tests using the spring B. By using 
the spring B in return for the spring A, stick-slip is  

 

occurred in Test 5. The stick-slip is avoided by 
increasing the number of the artificial muscles in Test 6 
though time t0 is 2.2sec. 
 

 
Figure 3 Artificial muscles attached to a spool 

 

 
Figure 4 Displacement of the spool

 
Table 2 Conditions of tests and time for displacement 

 
 Experimental condition  Operating condition  Results  
 Number of A.M. Number of spring A Total electric power W  t0 sec t1 sec t1-t0 sec 

Test1 6 1 7.2 → 1.0 2.5 1.5 
Test2 6 2 7.2 → 1.0 3.2 2.2 
Test3 6 3 7.2 → 1.0 3.4 2.4 
Test4 6 4 7.2 → 1.0 3.8 2.8 

 
Table 3 Conditions of tests and time for displacement 

 
 Experimental condition  Operating condition  Results  
 Number of A.M. Number of spring B Total electric power W  t0 sec t1 sec t1-t0 sec 

Test5 6 4 7.2 → 1.9 6.7 4.8 
Test6 12 4 10.0 → 2.2 6.6 4.4 
  



Figure 5 shows an improved on/off pattern. The spool 
remains stationary in preliminary run because total 
electric power is small. The time t0 is improved to 
1.1sec, as shown in Table4. It is expected that 
temperature of the artificial muscle will rise and time 
for deformation of the coils will be shorten. 
  Figure 6 illustrated a fade-in device installed in the 
high performance pneumatic silencer. When the current 
is supplied to the artificial muscles using the conditions 
of Test 8, they pull the spool and small holes are 
covered. 
 

Acoustic characteristics 
 

Figure 7 shows A-weighted sound power level 
calculated by sound intensity against flow rate Q 
through the point d in Figure 1. Two conditions in 
Figure7 indicate that the holes in Figure 6 are either 
closed or opened fully. A-weighted sound power levels 
LwA of the high performance pneumatic silencer kept in 
fully opened and closed conditions are very small, 
compared with that of the silencer NS.  

Figure 8 shows variation of A-weighted sound 
pressure level LA. The flow rate Q supplied to the 
silencer is 150 L/min. A-weighted sound pressure level 
LA  is gradually increased except for steeply rise from 
the level of back grand noise B.G.N. soon after valve at  

 
Figure 5 On/off pattern and displacement of the spool 

 
 

Figure 6 Fade-in device 
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Figure 7 A-weighted sound power levels against flow 
rate 
●NS,▲Silencer in fully opened condition, 
■Silencer in fully closed condition 
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Figure 8 Variation of A-weighted sound pressure level 

 
Table 4 Conditions of tests and time for displacement 

 Experimental condition  Condition of preliminary run Operating condition   Results
 Number of A.M. Number of spring B Total electric power W Total electric power W  t0 sec

Test7 12 4 0.6 10.0 → 1.9 
Test8 12 4 1.5 10.0 → 1.1 



the upstream position is opened. A-weighted sound 
pressure level LA reaches an asymptotic value 53dB(A) 
and increase of LA is 7dB(A). 
 

Conclusion 
 
A high performance pneumatic silencer was developed. 
It was found that the sound effect of the fade-in was 
made. The number of artificial muscle and conditions of 
electrical power supply to it were determined. It was 
cleared that the noise was reduced remarkably. 
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ABSTRACT 
 

We developed the control system having opto-fluid converter. 
This system is composed by opto-fluid converter, 4 stage cascades of Laminar Proportional Amplifier (LPA) which 
amplify the pressure difference from optical-fluid converter, and the pneumatic servo valve which sends the actual 
working air pressure to an actuator of a robot arm. By isolating an electric signal processing part and an optical signal 
processing part using the optical fiber, the control system which is not influenced by an electromagnetic noise can been 
realized. The optical signal is changed into the fluid pressure signal, without an intermediary electric signal, and can 
control the robot arm. The system can work under the severe environment where the radioactivity or an electromagnetic 
noise influences it, and an activity can be expected at medical spots, a nuclear reactor, etc. In this report, we have an 
analyzed the characteristics of the opto-fluid converter in order to design the high-speed response and optimize the 
converter. 
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Laminar Proportional Amplifier, opto-fluidic converter, pneumatic servo valve.  

 
 
 

NOMENCLATURE 
 

Input A  : Input pressure A 
Input B : Input pressure B 
A port  : Output pressure port A 
B port  : Output pressure port B 
P : Supply pressure port  
 

 
 
 

 
INTRODUCTION 

 
The control system using optical signal is realizable 
with opto-fluid converter which changes the optical 
signal into the fluid pressure signal without the electric 
signal.  
The opto- fluid conversion system which converts the 
optical analog signal into the fluid pressure signal 
comes from a Laminar Proportional Amplifier (LPA). 
The rotary encoder attaching a pneumatic rotary 
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actuator which does not use an electric signal was 
developed. This system makes them. The environment 
where is influenced by the electromagnetic noise, 
radioactivity, and thunderbolt, and the action of this s 
system can be secured from them. This is the best 
feature of the system. Furthermore, the characteristic of 
the converter is analyzed in order to optimize and 
design the high-speed response of a system. 
In addition in this research used an air pressure servo 
valve as an input control pressure. This is the analog 
servo valve functioning alike the opto-fluid conversion 
system. 
 

CONSTITUTION OF THE SYSTEM 
 

Scheme of system 
Experimental set up of this system is shown in Fig.1. 
The analog signal sent by computer is inputted into a 
laser diode controller, the optical intensity of a laser 
diode is decided, and it becomes an optical control 
signal. The optical signal is inputted into opto-fluid 
converter, and it is changed into a pneumatic pressure 
signal. The output pressure is amplified with a 4 stage 
cascades of LPA, and the boosted signal is inputted into 
the pneumatic servo valve. The spool inside the 
pneumatic servo valve is driven by the pressure signal, 
and the output flow rate and pressure of the pneumatic 
servo valve are determined by the spool position. The 
output from the pneumatic servo valve is inputted into 
the rotary actuator attached to the shoulder portion of 
the robot arm, and the robot arm drive. The optical 
rotary encoder detects the drive angle, and feedback 
control carries out the angle of the arm. 

 

 
 

Fig.1 System components and configuration 

Opto-fluid conver ter  
This research proposes the way of changing a optical 
signal into a fluid signal without a mechanical device. 
The optical fiber which coated the optical absorber at 
the edge is set in the supply nozzle side of LPA. The 
optical energy is changed into the heat energy by 
irradiating the optical signal there, the temperature 
distribution of the main jet boundary layer changes, and 
the jet deflects. A schematic view of opto-fluid 
conversion element is shown in Fig.2. 
Since the output of this conversion element is weak, two 
stages of LPA amplify follow the output of converter. 
The aspect ratio of nozzle of conversion element stage 
and the first stage of LPA is 1.3 and the one of second 
stage is 0.66. The schematic view is shown in Fig.3. 
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Fig.2 Opto-fluid conversion element  
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Fig.3 Opto-fluid converter 
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4 stage cascades of LPA 
The output from opto-fluid converter does not have 
enough power to drive the spool of the pneumatic servo 
valve. Therefore, the output pressure is amplified with 
more 4 stage cascades of LPA. The 4 stage cascades of 
LPA are serial connection of the same shape LPA, and 
the first and the second stage are the parallel stacked 
LPA having the thickness is 1.574 [mm], the third is 
2.361 [mm], and the fourth is 3.935 [mm], in each stage. 
The outputs of these LPAs are laminar flow and both 
pressure and flow rate are boosted by the cascades. 
 
Air  pressure dr ive type Pneumatic servo valve 
A usual servo valve is driven by the input of an 
electrical signal. On the other hand, the proposed 
pneumatic servo valve is driven by pilot air pressure, the 
spool in the pneumatic servo valve moves to right or left 
according to the input-pressure difference on either 
input side, the crossectional area of flow of the output 
port is adjusted by the displacement of the spool. The 
schematic view is shown in Fig.4 
 
 

InputＢ 

Vent:Ｒ２ 
Ｂ Port 
Supply:Ｐ 
Ａ Port 
Vent:Ｒ１ 

InputＡ 

 
 

Fig.4 Air pressure drive type Pneumatic servo valve 
 
 
Robot arm 
The robot has one link arm driven with the air pressure 
rotary actuator. The rotary actuator is commercial 
product of the size of the diameter 50 [mm] and length 
60 [mm]. The arm is made from aluminum and length 
and weight are 260 [mm] and 600 [g] respectively. The 
rotary encoder is embedded into the shoulder portion in 
order to detect the angle. 
 
Optical rotary encoder  
The constitution of the rotary encoder is shown in Fig.5. 
We thought, this rotary encoder must have the stout 
characteristic against the influence by the 
electromagnetic noise, we want. So, the electric circuit 
of the electrical-signal processing part is split up the slit 
plate of the optical-signal processing part. 

The light of LED is let by the optical fiber to the slit 
plate, and the optical pulse signal caused by rotation of 
slit is transmitted to a Photo-Transistor (called as PT) by 
the optical fiber. At this time, the PT produces an 
electric signal in the area apart from the robot arm, 
where is secured from noises. The signal flow is shown 
in Fig.6. The LED and the PT are put on the place 
distant from the robot arm using the optical fiber as 
previous shown. The arm can be driving only optically 
and pneumatically control part without any electric part. 
 

 

 
 

 
Fig.5 Constitution of a rotary encoder 
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COMPACTION OF THE SYSTEM 
 

The system made the loss of pressure and flow rate. We 
thought decrease the loss for the purpose of 
improvement the response. So the design and 
improvement of equipment were carried out in the 
following points. 
First, we cut the tube lengths in the 4 stage cascades of 
LPA. Those tubes were connecting the LPAs. In the 
result, the LPAs are combined as unity module. 
To the next, we design the optimal location of the 4 
stage cascades of LPA, the pneumatic servo valve and 
the opto-fluid converter. In the previous, the 4 stage 
cascades of LPA and the pneumatic servo valve were 
placed in rather long distance. Therefore the design of 
compaction rearranges both equipments near the 
opto-fluid converter, in this report. As the result, the 
tube length connecting the opto-fluid converter and the 
4 stage cascades of LPA was reduced about 91.9%, and 
it connecting the 4 stage cascades of LPA and the 
pneumatic servo valve was reduced about 63.6%. 
 

THE CHARACTERISTIC OF THE SYSTEM 
 
The response of the pneumatic servo valve to the 
supply pressure of the 4 stage cascades of LPA 
 
Measur ing method 
In this experiment, the 5 port type air pressure servo 
valve is used to generate precise the input signal of 4 
stage cascades of LPA, instead of the opto- fluid 
converter. The electrical signal sends to the air pressure 
servo valve from CPU, changes the output pressure 
difference of air pressure servo valve from 50 [Pa] to 
-50 [Pa] or from -50 [Pa] to 50 [Pa]. Then, the pressure 
difference is amplified with the 4 stage cascades of LPA 
and inputted into servo valve and the spool 
displacement generates the powerful output. 
The output pressure of the pneumatic servo valve is 
measured with a pressure sensor. The response time of 4 
stage cascades of LPA and pneumatic servo valve are 
measured by connecting an oscilloscope. 
As the supply pressure of the 4 stage cascades of LPA, 
the pressure of 1st stage is changed from 0.8 [Pa] to 2.0 
[Pa], and the pressures of each stages are set as follow. 
The 2nd is twice magnitude of 1st, the 3rd is 4 times 
and 4th is 10 times. The supply pressure of the 
pneumatic servo valve is set as 50 [kPa] constant. 
 
The measurement result and consideration 
The response time when the output pressure difference 
of the air pressure servo valve changed from 50 [Pa] to 
-50 [Pa] is shown in Fig.7, changed from -50 [Pa] to 50 
[Pa] is shown in Fig.8. 
First, by comparing Fig.7 with Fig.8, it is shown that the 
response changing from 50 [Pa] to -50 [Pa] is rather 
better. The effects of improvement by reducing the tube 

length are compared. When the output pressure 
difference is changed from 50 [Pa] to -50 [Pa], about 
0.07 [sec] reduction is shown, where the supply 
pressures of the 4 stage cascades of LPA are 1.5[kPa], 
3.0[kPa], 6.0[kPa], and 15.0 [kPa] , respectively. These 
combinations of supply pressure are the optimal 
conditions in the former research. When the output 
pressure difference is changed from -50 [Pa] to 50 [Pa], 
about 0.05 [sec] reduction has been shown. As the result, 
reducing pressure loss and flow loss can be done by 
having compact the system. 
Next, the optimal supply pressures of the 4 stage 
cascades of LPA are specified as 1.3 [kPa], 2.6 [kPa], 
5.2 [kPa], and 13.0 [kPa], to each stage, respectively, 
and the result are shown in Fig.7 and Fig.8. The delay 
time decreases until the pressure of the 1st stage 
becomes by 1.3 [kpa]. The delay time does not almost 
change above 1.3 [kPa] ranges. It will be thought that 
the pressure and flow loss occurred by the leak of air in 
this range. 
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Fig.7 The air pressure servo valve (-50 [Pa]→50 [Pa]) 
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Fig.8 The air pressure servo valve (50 [Pa]→-50 [Pa]) 

 



100208 nomoto 5/6 

The pressure character istic to the input-pressure 
difference of the 4 stage cascades of LPA 
 
Measur ing method 
The output pressure difference (i.e., input-pressure 
difference of the 4 stage cascades of LPA) of the air 
pressure servo valve is changed from -50 [Pa] to 50 [Pa]. 
The output pressure difference of the 4 stage cascades of 
LPA in the previous is measured with a pressure sensor. 
Those which was improved the tube length is measured 
in the same way. The supply pressure of the 4 stage 
cascades of LPA is set to 1.5 [kPa], 3.0 [kPa], 6.0 [kPa], 
and 15.0 [kPa], respectively. 
 
The measurement result and consideration 
The measurement result of the output pressure 
difference of the 4 stage cascades of LPA is shown in 
Fig.9. The effect of improvement by reducing the tube 
length is compared. The proportional working area of 
linearity becomes wide and the sensitivity becomes 
large in this improvement. The maximum pressure 
difference becomes about 0.3 [kPa]. This is considered 
to reduce the pressure loss by making the compact 
system. 
The control range is between -10 [Pa] and 10 [Pa]. The 
result of this range, because the supply pressure of the 4 
stage cascades of LPA is larger than the input-pressure 
difference. The effects of improvement by reducing the 
tube length change the gain of the output pressure 
difference vs. the input-pressure difference of the 4 
stage cascades of LPA are shown in the control range 
from 195.0 to 267.1, the gain is progressed about 
37.0%. 
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Fig.9 The pressure characteristic to the input-pressure 

difference of the 4 stage cascades of LPA 
 
 
The flow character istic to the input-pressure 
difference of the 4 stage cascades of LPA. 
 

Measur ing method 
When the input-pressure difference of the 4 stage 
cascades of LPA is changed from -50 [Pa] to 50 [Pa], 
the output flow rate difference of the 4 stage cascades of 
LPA is measured with a flow sensor. The supply 
pressure of the 4 stage cascades of LPA is set to 1.5 
[kPa], 3.0 [kPa], 6.0 [kPa], and 15.0 [kPa], respectively. 
 
The measurement result and consideration 
The measurement result of the output flow rate 
difference of the 4 stage cascades of LPA is shown in 
Fig.10.The output flow rate difference of improvement 
by reducing the tube length is compared. In the range of 
the input-pressure difference is between 20 [Pa] and 50 
[Pa], the flow characteristics are increased about 0.45 
[l/min], and between -20 [Pa] and -50 [Pa] in the range 
of about 0.35 [l/min]. 
The flow rate tends to be influenced by friction in the 
tube. So I consider that the frictional loss decreased and 
flow rate increased, because the tube length in the 
system has been extremely reduced. 
As the effects of improvement by reducing the tube 
length changed, the gain of the output flow rate vs. the 
input-pressure of the 4 stage cascades of LPA from 
162.6 to 216.1 is progressed about 32.9%. 
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Fig.10 The flow characteristic to the input-pressure 

difference of the 4 stage cascades of LPA 
 
 

CONCLUSION 
 

This research treats the improvement of the opto-fluid 
servo system. 
The high-speed response will be achieved by having the 
compact design of system. The details of the supply, the 
input, and the output are able to be known in this study. 
This result will be useful when the accuracy and 
practicality of this system will be required in the future. 
Research of the future needs the stability and the 
stationary of the system. 
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Abstract 
 
This report treats a development of an opto-fluidic conversion device. Using a bundled optical fiber which has the 
sectional area of 1.0[mm] × 5.0[mm], 2.0[mm] × 5.0[mm] and 3.0[mm] × 5.0[mm] respectively, the dynamic 
characteristics on an opto-fluidic conversion device have been analyzed. This paper reports analysis result of the 
dynamic characteristics and the effect on the size of the optimal sectional area of the bundled optical fiber. From the 
analytical result of the dynamic characteristics, it has been confirmed that the bundled optical fiber with the sectional 
area of 2.0[mm] × 5.0[mm] has been optimal in the test case. 
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1. Introduction 
 

Electric equipment is used in a wide field now, and 
embedded in a majority of machines. This equipment 
operates on an electric signal. However, there is a 
possibility which may not operate correctly in an 
environment where electromagnetic noises or 
radioactivities exist in.  
An opto-fluidic control system converts an optical 

signal into a pneumatic signal directly without an 
intermediate electric signal, and realizes a control of 
machine without electric device[1]. Therefore, this 
system enables to be used in the severe environment like 
above-mentioned. An opto-fluidic converter which is the 
peculiar feature of this system is composed of an 
opto-fluidic conversion device and a Laminar  

pvfdfsfsfs     
 
Proportional Amplifier (LPA) of two stages. The LPA is a 
kind of fluidic amplifier. The opto-fluidic conversion 
device, which is the first stage of this converter, has a 
shape based on the LPA. Concretely, two control ports 
are removed from the inside of LPA, and optical fibers 
affixed with optical absorber at the fiber end are 
embedded there. The optical signal is converted into the 
pneumatic signal by this conversion device, and the 
converted pneumatic signal is amplified by the LPA of 
two stages.  
We have analyzed the dynamic characteristics of fluid 

in this opto-fluidic conversion device. In analyzing the 
dynamic characteristics, there is a problem that the 
device was too small with the original size arose. 
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Considering the size of the measuring instrument, it was 
difficult to exactly analyze the dynamic characteristics. 
Therefore, an expansion model which is expanded the 
original device to double height and width size was made. 
In order to correspond to the expansion of the device, the 
bundle of the optical fiber was made. The shape of 
bundled optical fiber is rectangular pillar and the 
sectional area of which is 2.0[mm] × 5.0[mm] [2]. 
In the present study, we made three kinds of the 

bundled optical fiber newly, i.e., the sectional area of 
which are 1.0[mm] × 5.0[mm], 2.0[mm] × 5.0[mm] and 
3.0[mm] × 5.0[mm] respectively. We have investigated 
the dynamic characteristics of these bundled optical 
fibers. 
This paper is intended to report the optimal sectional 

area of the bundled optical fiber which we have selected 
through the experiments on the dynamic characteristics.  
 
 
2. Principle of operation and structure 
 
2.1 Laminar Proportional Amplifier (LPA) 
 
 Figure 1 shows the structure of the LPA, which has 
symmetrical structure. The principle of operation of the 
LPA is as follows: 
 
(1) The supply jet is inputted form the supply port, and 

the differential pressure is inputted from right and 
left of two control ports which exist inside the LPA. 

 
(2) In proportion to this differential pressure, a part of 

supply jet leans; for example, assuming that the 
pressure from the control port A is higher than that 
from the control port B, the part of supply jet leans 
toward the opposite direction in which the output 
port B exists. 

 
(3) By leaning the part of the supply jet, a difference 

arises between the pressures outputted from two 
output ports. 

 
The LPA enables to amplify the feeble differential 

pressure, because the laminar jet is used as the supply jet 
of the LPA. The LPA is attached to the output port of 
opto-fluidic conversion device in order to amplify the 
feeble differential pressure from the conversion device. 
 
 
2.2 Opto-fluidic conversion device 

 
The opto-fluidic conversion device is made from the 

LPA which is a basic element. Figure 2 shows the 
structure of this conversion device. The main difference 
is that the conversion device has not control ports. And 
the optical fibers are embedded in the position of control 
ports. In these fibers, the optical absorber is affixed at the 

fiber end. The principle of operation of this device is as 
follows: 
 

(1) When light from laser source is irradiated the optical 
fiber, this light passes through the optical fiber, and 
reaches the optical absorber affixed at the fiber end. 

 
(2) The optical absorber, which is a carbon black, has a 

character to convert light into heat. Therefore, light 
which reaches at the fiber end is converted into heat 
by the optical absorber. 

 
(3) Generated heat causes partially the temperature            

change of the supply jet at the vicinity of fiber end. 
As a result, viscosity of the supply jet rises, because 
viscosity of gas rises along with the temperature rise. 

 
(4) By the viscosity rise, a flow profile of jet becomes 

asymmetrical for the nozzle axis, and a difference is 
generated in the flow velocity of jet for the nozzle 
axis. Therefore, the output differential pressure 
proportional to the intensity of light is generated 
from the output port A and B.  

 
Thus, this conversion device enables to convert an 

optical signal into a corresponding pneumatic signal 
without mechanical drive components. 

 
Fig.1 Structure of Laminar Proportional Amplifier 

 

Fig.2 Structure of opto-fluidic conversion device 
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2.3 Opto-fluidic converter 
 
 Figure 3 shows the structure of the opto-fluidic 
converter. The 1st stage of this converter is the 
opto-fluidic conversion device. The output differential 
pressure generated by the conversion device is feeble. 
Therefore, it is amplified fluidically by the LPA of two 
stages which are 2nd and 3rd stage. The aspect ratio is 
1.32 in both the 1st conversion stage and the 2nd stage, 
and that of 3rd stage is 0.66. The thickness of this 
converter is 0.5[mm]. We have analyzed the dynamic 
characteristics of the opto-fluidic conversion device 
which is 1st stage. In our experiments, we have not used 
this opto-fluidic converter itself but the expansion model. 
 

 
 

Fig.3 Structure of opto-fluidic converter 
 
 
3. Experiment instrument 
 
3.1 Expansion model 
 
 In analyzing the dynamic characteristics of opto-fluidic 
conversion device, considering the size of the measuring 
instrument, it was difficult to analyze the dynamic 
characteristics by using the conversion device of original 
size, because the conversion device is too small 
compared with the size of measuring instrument. 
Therefore, we make a model, which is expanded the 
conversion device of original size to double height and 
width size. Figure 4 shows the structure of this expansion 
model. It is made of stainless steel, and the thickness is 
5.0[mm]. 
 
 
3.2 Bundled optical fiber 
 
 As the optical fiber for this model expanded to double 
height and width size, the bundle of optical fiber is used. 
The sectional area is 2.0[mm] × 5.0[mm], and the shape 

of the bundled optical fiber is rectangular pillar. In 
addition, we make more two kinds of the bundled optical 
fiber, the sectional area of which is 1.0[mm] × 5.0[mm] 
and 3.0[mm] × 5.0[mm] respectively. The shape of those 
fibers is also rectangular pillar. Figure 5 shows the 
configuration of bundled optical fiber. 

 
 

 
Fig.4 Structure of expansion model 

 

Fig.5 Configuration of bundled optical fiber 
 
 
4. Experimental results  
 
 Three kinds of experiments on the dynamic 
characteristics are conducted by using the expansion 
model. The optimal sectional area of the three bundled 
optical fibers is examined from these experiments. 
 
 
4.1 Temperature measurement of the optical absorber  
 
The temperature change of the optical absorber 

influences the air flow in the opto-fluidic conversion 
device. Therefore, the time change of the temperature on 
the optical absorber is measured by using the expansion 
model and bundled optical fibers. The sectional area of 
bundled optical fibers are 1.0[mm] × 5.0[mm], 2.0[mm] 
× 5.0 [mm] and 3.0[mm] × 5.0[mm]. Figure 6 and Figure 
7 show the measurement result concerning three bundled 
optical fibers. The result is shown by the approximation 
curve. Where, the supply pressure to the conversion 
device is 100[Pa], and the temperature of the fiber end is 
unified as 100[℃] in these bundled optical fibers. The 
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time when the light is begun to irradiate is set to 0[s] in 
Fig.6, and the time when the light disappears is set to 0 
[s] in Fig.7.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 

Fig.6 Temperature of the optical absorber, case of rise 
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 Fig.7 Temperature of the optical absorber, case of 
descent 

 
 From Fig.6 and Fig.7, it is shown that the time of 
transient response is proportional to the size of the 
sectional area of the bundled optical fiber. The difference 
of transient response time more than 10[s] appears 
between the result of bundled optical fiber of 1.0[mm] × 
5.0[mm] and that of 3.0[mm] × 5.0[mm]. Therefore, we 
consider that an area of the optical absorber influences 
the time constant of a first order lag system. 
 
 
 

4.2 Measurement of the output differential pressure 
 
 In this experiment, the output differential pressure from 
the opto-fluidic conversion device is measured. Figure 8 
shows the measurement result of the output differential 
pressure concerning three bundled optical fibers. The 
sectional area of these fibers are 1.0[mm] × 5.0[mm], 
2.0[mm] × 5.0[mm] and 3.0[mm] × 5.0[mm]. The result 
is shown by the approximation curve. Where, the supply 
pressure to the conversion device is 100[Pa], and the 
temperature of the fiber end is unified as 100[℃] in these 
bundled optical fibers. The time when light is irradiated 
is set to 0[s], too. 
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Fig.8 Output from the opto-fluidic conversion device 

 
From Fig.8, it is shown that the sectional area of 

bundled optical fibers is not proportional to the output 
differential pressure from the conversion device. The 
bundled optical fiber of 1.0[mm] × 5.0[mm] doesn’t 
generate the viscosity change effectively because the 
quantity of heat which gives to the supply jet is a little. 
By contrast, the bundled optical fiber of 3.0[mm] × 5.0 
[mm] generates the viscosity change in the large range 
because there is much quantity of heat given to the 
supply jet. Therefore, it is considered that the output 
differential pressure is low when the bundled optical 
fiber of 1.0[mm] × 5.0[mm] or 3.0[mm] × 5.0[mm] is 
used. We consider that the bundled optical fiber of 2.0 
[mm] × 5.0[mm] enables to obtain the highest output 
differential pressure. 
 
 
4.3 Measurement of the pneumatic temperature 

change in the opto-fluidic conversion device 
 
 In this experiment, the time change of the pneumatic 
temperature in the opto-fluidic conversion device is 
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measured by using the expansion model. As shown in 
Fig.9, measurement positions are three places, where are 
0.05[mm] (Region 1), 5.0[mm] (Region 2) and 12.0[mm] 
(Region 3) downward from a nozzle edge. The supply 
pressure to the conversion device is 100[Pa], and the 
temperature of the fiber end is unified as 100[℃] in three 
bundled optical fibers, the sectional area of which are 
1.0[mm] × 5.0[mm], 2.0[mm] × 5.0[mm] and 3.0 [mm] × 
5.0[mm]. Figure 10.1 and 10.2 show the temperature 
distribution of the Region 1 in the conversion device, and 
figure 11.1 and 11.2 show that of the Region 3 in the 
conversion device. The temperature distribution are two 
kinds of 3[s] and 30[s] later when the light is irradiated. 
Figure 10.1 shows the temperature distribution of 3[s] 
later, and figure 10.2 shows that of 30[s] later. Figure 
11.1 shows the temperature distribution of 3[s] later, and 
figure 11.2 shows that of 30[s] later.  

 

 
 

Fig.9 Measurement positions 
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Fig.10.1 Temperature change in Region1(after 3 seconds) 
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Fig.10.2 Temperature change in Region1(after 30 
seconds) 
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Fig.11.2 Temperature change in Region3(after 30 

seconds) 
 

 
 From Fig.10.1, Fig.10.2, Fig.11.1 and Fig11.2, it is 
shown that the temperature change of the Region 1 is 
larger than that of the Region 3 in all bundled optical 
fibers. The temperature change becomes small as the 
measurement position moves to downward (i.e. from 
Region 1 to Region 3). It is considered that the 
temperature change of Region 1 is the largest compared 
with other measurement position because the Region 1 is 
the nearest measurement position from the bundled 
optical fiber. In Region 1 and Region 3, the temperature 
in the conversion device becomes the highest when the 
bundled optical fiber which is 3.0[mm] × 5.0[mm] is 
used. 
 
 
5. Conclusion 
 
 In the present study, three kinds of bundled optical 
fibers have been made, which have the different sectional 
area. And three kinds of the dynamic characteristics on 
the opto-fluidic conversion device have been measured 
by using those fibers. Measurement results have 
indicated that the size of the sectional area of the bundled 
optical fiber has greatly influenced the output differential 
pressure from the conversion device and the pneumatic 
temperature in it. In addition, it has indicated that the 
quantity of heat generated on the optical absorber has 
been proportional to the size of the sectional area of the 
fiber. It is notable that the output differential pressure is 
low when the sectional area of the fiber is too large or is 
too small. We consider that the bundled optical fiber 
which has the sectional of 2.0[mm] × 5.0[mm] is optimal 

in this test case. If the performance of the actual 
opto-fluidic conversion device is improved referring 
these data, the opto-fluidic control system advances for 
the practical use. 
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ABSTRACT 
Mines installed into sea are a serious threat to navigation during wars or other un-certain conditions. During years mines 
have become quite sophisticated. Every ship passing through the water emits sound, disturbs the Earth's magnetic field, 
and causes fluctuations in water pressure. Mine clearing is important and challenging task. Sea mines react to stimulus of 
ships. Noise caused by ships is one of remarkable stimulus. Mines reacting to noise are tried to clear with acoustic mine 
clearing equipment. In order to image noise generated by different ships quite large frequency range is required. High 
frequencies (> 100 Hz) can be achieved, for instance, with permanent magnet and magnetostrictive hydro-sounders. At 
low frequencies (≤60Hz) hydraulic hydro-sounder might be a reasonable solution. In this paper the preliminary design, 
modeling and experimental tests of hydraulic cylinder driven hydro-sounder are presented. 
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Hydro-sounder, hydraulic servo 
 

 
INTRODUCTION 

 
Mines installed into sea are a serious threat to navigation 
during wars or other un-certain conditions. During years 
mines have become quite sophisticated. Yesterday's 
moored or drifting contact mine is still a threat, but today's 
modern naval arsenal also includes the bottom or moored 
influence mine. The influence mine lies on the bottom or 

floats at the end of its tether and waits...sometimes for 
weeks or months. Every ship passing through the water 
emits sound, disturbs the Earth's magnetic field, and 
causes fluctuations in water pressure. Mines can be built 
and programmed to detect all of these changes. If an 
approaching ship emits enough noise, causes a 
sufficiently strong change in the surrounding magnetic 
field, or generates a significantly large fluctuation in 



water pressure, it can cause the influence mine to 
detonate. Mine clearing is important and challenging task. 
Sea mines react to stimulus of ships. Noise caused by 
ships is one of remarkable stimulus. Mines reacting to 
noise are tried to clear with acoustic mine clearing 
equipment.  
In order to image noise generated by different ships quite 
large frequency range is required. High frequencies (> 
100 Hz) can be achieved, for instance, with permanent 
magnet and magnetostrictive hydro-sounders, Fig.1. 

At low frequencies (≤60Hz) hydraulic hydro-sounder 
might be a reasonable solution. The principle idea of the 
hydraulic test system is shown in Fig.2. 

 
Figure 2, Basic idea of hydraulic hydro-sounder test 

system 
The plate is moved by the hydraulic cylinder under water 
generating pressure waves. For practical reasons the 
initial feasibility tests are decided to realize in the 
laboratory where reasonable size water spool exits. The 
size of the spool is 6x5x10 (length, width and high). 
Based on experiences of preliminary tests with other types 
of hydro-sounders the diameter of the moving plate is 

selected 400mm. Later also the plate of 600mm diameter 
is used.  
 

GOALS OF FIESIBILITY STUDY 
 
In the preliminary design stage the following 
specifications are set to 400mm plate 
* Maximum sin-wave frequency 50Hz with the 

position amplitude 2mm 
* Maximum position amplitude 90mm at low 

frequencies 
* Maximum velocity 1m/s 
* Maximum acceleration 200m/s2    
Because there is very little information available about the 
dynamic load of the plate in this kind of application 
experimental tests are necessary. Before experimental 
tests some simple modeling and simulations are 
considered also necessary.  
With simulations responses to different amplitudes and 
frequencies of sin-wave reference signals are studied with 
some basic controllers. In this way the following issues 
are tried to find 
* Suitable reference signal 
 * Position 
 * Velocity 
* Required performance of servo valve 
* Size of hydraulic cylinder 
* Required supply pressure 
* Basic structure of controller 
* Specifications of position sensor 
After simulations an experimental set-up is realized based 
on simulations and reasonably available components. The 
goals of experimental tests are: 
* To check performance 
* To find forces caused by water 
 * Inertia load 
 * Friction forces 
* To get information for more detail modeling  

 
 
 
 

 
Figure 1. An example of magnetic hydro-sounder 



PRELIMINARY MODELLING 
 
Quite large study of Internet and literature gave very poor 
results in the modeling of the moving of a round plate in 
water against its surface. The goal of the modeling is to 
find suitable abstract model for system and controller 
design purpose. As the first approximation of modeling 
interaction of the plate and water is considered as an 
inertia load and viscous friction. The inertia load is 
approximated as a mass of cylinder with the diameter of 
the plate and high of the double of the diameter. This leads 
to the inertia load of 50kg. Simple test with the paddle 
tells that water restricts the movement so far the paddle 
moves. On the other hand the inertia of water behaves 
totally different as mechanical inertia. In this stage the 
behavior of water inertia is modeled as follows: 
 if(vel>0.0 & acc>0.0) then !vel=velocity 
 wflag =1.0 !wflag=flag 
 else if((vel>0.0 & acc<0.0) then !acc=acceleration 
 wflag =0.0 
 else if((vel<0.0 & acc<0.0) then 
 wflag =1.0 
 else if((vel<0.0 & acc>0.0) then 
 wflag =0.0 
 end if 
The effective water inertia is descript as a second order 
system   

WAT22

2
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s2s
wflipm ⋅

ω+⋅ω⋅δ⋅+
⋅ω

=
 

 
Where ω is estimated natural frequency of effective water 
mass (inertia), δ is natural damping factor of effective 
water mass (inertia), and mWAT is estimated water mass. 
Figure 4 shows as an example the responses of water 
inertia and the acceleration of the plate in an open loop 
control case. The viscous friction coefficient (force 
depending on the velocity of the plate) is estimated in this 
stage relatively high, 7000Ns/m. 
Lot of simulations is done with this water model. 
According to simulations with this preliminary model the 
following conclusions can be made: 
* It is possible to achieve set performance goals 

* Open loop control is nod good enough 
 * Position drift 
 * Low bandwidth 
* Closed loop velocity control with loose position 

control outer loop seems promising 
 * No position drift 

* Lower phase sift than closed loop position 
control 

 * Feed forward loop improves performance. 

 
EXPERIMENTAL TESTS 

 
In order to get more exact information about the behavior 
and performance of hydraulic hydro-sounders an 
experimental test set-up realized in the laboratory 
circumstance.  
Specifications of test set-up 
Experimental set-up is realized with already available 
components, because the purpose of experimental tests is 
to confirm simulations and get more detail information for 
improving the water model  
* Cylinder 32/18-90 (piston dia., rod dia. stroke [mm]) 
* Servo valve, nominal flow 40l/min with pressure 

drop 35bar/control notch 
* Supply pressure 
* Pipes between pump/tank and unit  
 * Inner diameter 16mm 
 * Length 25m 
* Accumulator 8litre 
* Analogue position sensor (potentiometer)   
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Figure 3. Responses of water inertia and acceleration of 

plate, simulated 



In order to achieve a symmetric structure two hydraulic 
units are assembled into the same water tight box as 
shown in Fig.4. 

 
Experimental tests 
In order to find the inertia and friction load caused by 
water open loop measurements are done. Sin-waves with 
different amplitudes and frequencies are used as reference 
signals in the performance measurements of the closed 
loop control system in water. The cylinder chamber 
pressures, supply and return line pressures as well as the 
position of the plate are measured in all cases. The test 
unit is pinned by anchored it into the floor.   
Open loop measurements in air 
Firstly open loop measurements are done in air in order to 
find friction forces of the hydraulic cylinder. The 
procedure of open loop measurements is 
* Fixed start point is achieved with closed loop 

position control 
* Position control is switched off and after short delay 

the step-wise control signal of the valve is generated 
* When the plate reaches the fixed end point the 

control signal of the valve is switched step-wise off. 
According to these measurements the velocity of the plate   
is a linear function of the valve control signal. The friction 
force as a function of the plate velocity is presented in 
Fig.5. 
The hydraulic cylinder is normal low-price commercial 
cylinder and so the friction force is remarkably high, 
especially at higher velocities.    
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Figure 5. Measured friction force as a function of velocity, 

in air 
 
Open loop measurements in water 
The same kinds of open loop measurements are done in 
water. The plate velocity as a function of the valve control 
signal is shown in Fig.6.  
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Figure 6. Measured plate velocity as a function of valve 

control signal (max 10V), in water  
 
The friction force as a function of the plate velocity is 
presented in Fig.7. The velocity of the plate is not linear 
function of the control signal any more. Higher velocities 
than 0.6m/s water causes remarkably higher restrictive 
force than air. According to these measurements it seems 
that the velocity depending friction force is a non-linear 
function of velocity. Some tests done with the higher 
supply pressure confirm this. According to these 
preliminary tests it seems that a reasonable approximation 
is the third order dependence. This estimation is shown in 
Fig.8. 
 
 

 

Figure 4. Test unit 



 

 
Estimation of water inertia is based on the measured 
cylinder chamber pressures and computed acceleration of 
the plate. The computed force acting on the plate is shown 
in Fig.9 and acceleration of the plate in Fig. 10. An 
interesting phenomenon can be observed in both figures. 
The force and acceleration/deceleration differ 
significantly each other.  
Based on the same kinds of estimations in air the 
mechanical part of the inertia can be eliminated and this 
results water inertia 39kg. Figure 11 shows, as an 
example, the response of the return line pressure with 
maximum step-wise valve control signal. The long return 
line (25m) causes very high pressure peak in the 
acceleration stage limiting the reachable acceleration in 
step-wise control. In normal application cases 

continuously oscillating reference signals are used. As an 
example, Figure 12 shows the return line pressure when 
the sin-wave reference signal with the amplitude 0.4m/s 
and frequency 40Hz is used.  
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Figure 10. Measured acceleration of plate, in water, 

control 50% 
 
Closed loop control in water 
The purpose of closed loop control tests is to ensure 
sufficient performance of hydraulic hydro-sounder. The 
hydraulic, especially the cylinder and control valve, is not 
the best one, but a compromise between expected 
performance and available components. 
A linear PI-controller and forward loop is used in these 
tests. The sampling time is 1ms and the tuning is made 
manually at the frequency of 20Hz. This tuning is a 
reasonable compromise, because the best tuning depends 
on the frequency, especially when forward loop is used. 
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Figure 7. Measured friction force as a function of velocity, 

in water 
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Figure 9. Measured force acting on plate, in water, control 

50% 
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Figure 8. Estimation of friction force as a function of plate 

velocity in water 
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Figure 12. Measured response of return line pressure in 

sin-wave reference signal, in water  
 
As examples the responses of velocity and position are 
presented in Fig.13 and 14. The reference signal is a 
sin-wave with the amplitude 0.4m/s and the frequency 
50Hz. There is the remarkable phase shift ≈ -200o and also 
amplitude damping -3db in the velocity response, Fig. 13. 
The performance depends mostly on the dynamic 
characteristics of the used servo valve. The steady state 
point of the plate is in the middle of the stroke. The 
amplitude of the position response is 1mm around the 
steady state point, Fig.14. The return line pressure 
oscillates with the amplitude about 5bar. 
 

DISCUSSION AND CONCLUSIONS 
 
Very rough approximation model of the behavior of water 
in this kind of application is valid so far that preliminary 
estimation of performance can be done. Water forms 
some kind of inertia load, but its behavior is strongly 
non-linear and does not resemble mechanical inertia load.  

Water causes non-linear viscous friction which increases 
strongly as a function of the plate velocity. Most critical 
component is the control valve and high response valve is 
required in order to achieve good performance at 
frequencies of 50… 70Hz. Anyway, achieved results are 
so promising that R&D work can be continued.  
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Figure 14. Position response (solid line), velocity 

reference (dash line) 50Hz, 0.4m/s in water 
 

FURTHER WORKS 
 
Based on open and closed loop measurements the model 
of inertia load and friction force of the plate and water 
combinations could be focused. With this more accurate 
model the required performance of the hydraulic cylinder 
and servo valve could be specified. Different control 
algorithms could also be studied effectively with the high 
quality model.  
Experimental tests in real circumstances are also 
necessary after simulation and maybe further laboratory 
tests. 
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Figure 11. Measured response of return line pressure in 

step-wise control, control 100%, in water 
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Figure 13. Velocity response (solid line), velocity 

reference (dash line) 50Hz, 0.4m/s in water 
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ABSTRACT 
 
In teleoperation applications torque controlled joints are often required. If hydraulic actuator is driven by flow control 
servovalve, a force-based position control requires tuning of inner loop force controller and force or pressure sensor. An 
alternative for flow control servovalves are pressure servovalves which are seldom used in industrial applications. 
Advantage of this technology should be that tuning of inner force-control loop should be avoided and also more importantly 
addition of pressure and/or force feedback sensors should not required. Sensors are often the most likely component to fail 
while working in hazardous environments. Our aim is to compare three kinds of inner loop force controls. First, we use 
pressure servovalve in position control application without inner loop pressure or force sensors. In remaining two cases we 
use force control in the inner control loop with flow and pressure control servovalve. Three controller alternatives are 
compared and the results are discussed. 
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NOMENCLATURE 
  
A:    Cylinder pressure area 
B:    System’s bulk modulus 
V0:  System’s dead volume 
m:    Load’s mass 
b:     Load’s viscosity friction 
k:     Load’s stiffness 
 

 
 

qK :    Flowservo’s flowgain   

PK :      P-controller gain 

hk :     Cylinder’s spring constant 

PRK :  Pressureservo’s pressure gain 
t :        Pressureservo’s time constant 



X :      Cylinder position 
RX :    Cylinder position reference  

X& :     Cylinder velocity 

RX& :   Cylinder velocity reference 

RX&& :   Cylinder acceleration reference 

VK :   Velocity error gain 
e :       Error 

nω :     Natural frequency 
ζ :      Damping 
QN :  Flow 
 

INTRODUCTION 
 
The fundamental difference between electric and 
hydraulic actuators is that electric actuators are 
essentially torques sources whereas hydraulic actuators 
are velocity sources. In other words, with the electric 
DC-motors actuator output torque is proportional to 
motor input current. In case of hydraulics control input is 
proportional to actuator output velocity. This 
fundamental difference is not usually critical in 
traditional position control applications. However, in 
teleoperation applications torque controlled joints are 
often required. In hydraulics these applications are 
known as force-based position control applications, see 
Figure 1, where the principle of control structure is 
shown. In this case of usual servohydraulic hardware 
setup where hydraulic actuator (motor or cylinder) is 
driven by flow control servovalve, a force-based position 
control requires tuning of inner loop force controller. 
Inner loop force controller can be simple e.g. PI-type 
controller or more complex non-linear controller. Force 
feedback can either be based on pressure or force (load-
cell) feedback.  
 
 

 
Figure 1 Force based position controller utilizing flow 

control servovalve and inner force control loop 
 
An alternative for flow control servovalves are pressure 
control servovalves which are seldom used in industrial 
applications anymore most likely because of their high 
price. Pressure servovalves give pressure difference, 
which is proportional to input signal. Conventional 
pressure servovalves operate based on hydro-mechanical 

pressure feedback principle and therefore do not require 
pressure feedback sensor. Therefore, the big advantage of 
this old almost forgotten technology should be that tuning 
of inner force-control loop should be avoided and also 
more importantly addition of pressure and/or force 
feedback sensors is not required. Sensors are often the 
most likely component to fail while working in 
hazardous environment. Still another advantage of 
pressure servovalves is the high bandwidth of valve 
response. For example, a commercial pressure servovalve 
blocked port pressure control bandwidth is close to 200 
Hz [3]. This kind of pressure control bandwidth is very 
difficult to achieve with a controller combination of a 
servovalve and pressure feedback transducers. These 
design factors mentioned are of the major concern in 
application where high reliability, bandwidth and 
robustness are required. In the Figure 2 position 
controller utilizing pressure servovalve is shown. In this 
kind of control scheme no force/pressure feedback 
transducer is required and thus inner loop force controller 
is removed.  
 
 

 
 

Figure 2 Force based position controller utilizing 
pressure control servovalve 

  
In this study, we compare two alternatives, namely flow 
and pressure control servovalves in teleoperation 
application requiring inner loop force control. Our aim is 
to compare three kinds of force controls. First, we use 
pressure servovalve in position control application 
without inner loop pressure or force sensors. In 
remaining two cases we use force control in the inner 
control loop with flow and pressure control servovalve. 
The use of pressure control servovalve with pressure 
sensor has the advantage that in case of sensor failure 
force control still functions. Thus the operator should be 
able to complete the given task with somewhat decreased 
force feedback sensitivity. With this last option, if 
pressure control servovalve is operating under pressure 
sensor feedback, the force feedback accuracy should be 
as good as with flow control servovalve and pressure 
feedback combination. Therefore, pressure control 
servovalve should have the best robustness but also 
equally good force sensitivity as compared to flow 
control servovalve. Three controller alternatives are 



compared and the results are discussed.
 

THEORETICAL BACKGROUND OF FORCE 
CONTROL 

 
Flow servovalve’s force control loop can be described by 
following block diagram [1]:   
 
 

 
Figure 3 Flow servovalve’s  force control block diagram 

 
The valve flow gain is  and controller gain is  qK PK
 
Cylinder pressure dynamics model can be described as an 
actuator transfer function from flow to pressure: 
 

0sV
2AB(s)AG =   (1) 

 
The feedback path of the system consists of the load 
transfer function from force to position and of the 
cylinder transfer function from position to flow: 
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Collecting the transfer functions (1, 2, 3) together and 
describing the gains according to Figure 3 yields: 
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The hydraulic spring constant is defined as: 
 

0

22
V
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Applying equation (5) to (4) yields the open loop transfer 
function from voltage to force: 
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From transfer function (6) can be seen that the poles of 
the load become the zeros of the open loop transfer 
function of the system. The actuator transfer function will 
not affect the zeros, which means that they can not be 
changed with PID-type controller as shown in [2]. As 
indicated in [2], these lightly damped open-loop zeros 
limit the bandwidth of the closed-loop force system. 
 
 

 
Figure 4 Pressure servovalve’s force control block 

diagram 
 
On the other hand, in the case of pressure control 
servovalve, the gain from input current to pressure 
difference is . Fast valve dynamics can assumed to 
obey first order model with a time constant 

PRK
τ . Cylinder 

area is A and the model from valve input current to 
output force is: 
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As we can see, there are no zeros in open loop, so 
bandwidth is bigger and force control should be also 
faster. According this theory, flow servovalve should be 
controlled with some other controller than PID-type, if 
we want to get as fast response as pressure control 
servovalve has.  
 
 

CONTROLLERS TUNING PRINCIPLES 
 
As described above pressure control servovalve doesn’t 
require inner loop force/pressure controller. One of the 
test control cases was pressure control servovalve with 
inner-loop control with pressure feedback. Feedforward 
control must be used in this case. Pressure servovalve 
needs some input current so that it would keep pressure 
difference. Anyway P-type controller gives signal only if 
there is some error. 
 



-2 0 2 4 6 8 10 12
0.16

0.18

0.2

0.22

0.24
Position refence

time [s]

po
si

tio
n 

[m
]

-2 0 2 4 6 8 10 12
-2

0

2

4
x 10-3 Position error

time [s]

po
si

tio
n 

[m
]

For flow control servovalves typically a P- or PI-type of 
force/pressure controller is required for inner loop force 
control. In this study, we used P-type controller due to 
faster response. As described above pressure control 
servovalve doesn’t necessarily require inner loop 
force/pressure controller. However, we also try in third 
test case pressure control servovalve with inner-loop 
pressure feedback. Inner loop pressure controller is a P-
controller in parallel with pressure demand. 
 
Upper-loop is also a simple PD-type position controller 
with desired acceleration as a new input to the system is 
described by following equation: 

))()((
....

XXKXXKXmF RPRVR −+−+=  (8) 
 
The final closed-loop system becomes under this choose 
of feedback law: 
 

0=++ eKeKe PV &&&  (9) 
 
The error equation (9) can be transformed to the s-
domain, which results the following: 

 
02 22 =++ nn ss ωζω  (10) 

02 =++ PV KsKs  (11) 
, where 
 

sK nV ζω2=   (12) 
2

nPK ω=   (13) 
 
Where second equation corresponds to well known 
second order characteristic equation with damping ζ  and 
natural frequency nω . In the servocontrol the damping 
ratio of 0.1=ζ is highly desirable because it corresponds 
to situation of the fastest possible non-oscillatory 
response of the system to a step input. With the choose 
of 0.1=ζ , simple relation holds for feedback gains in: 
 

PV KK 2=   (14) 
 

MEASURED RESULTS 
 
In order to compare the performance of three different 
inner loop force/pressure controller in force based 
position, experiments were carried out in 1 DOF linear 
testbed. The specifications for the experimental system 
are as follows 
 

- Cylinder 40/28-710, load mass was 250 kg. 
- Flow control servovalve: Bosch-Rexroth closed 

loop proportional valve NG6, QN = 40 l/min at 
delta_p = 35 bar per notch. Natural frequency 
about 100 Hz, when input amplitude is +/- 5 %. 

- Pressure control servovalve: Moog series 15-
010. Rated flow capacity of 55 l/min at 105 bar 
per notch. Block port natural frequency is about 
250 Hz. 

- Pressure sensors: Kistler K-line 300bar 
- Supply pressure is 70bar and maximum flow is 

enough so that valves doesn’t saturate 
 
Position, velocity and acceleration motion profiles for 
point to point motions are required to be smooth 
functions of time. Therefore, a quintic polynomial is used 
for desired position profile in measurements. Amplitude 
of the motion profile was 3.5 cm and a rise was time 0.5 
seconds. 
 
In Figures 5 and 6, the results with pressure control 
servovalve without inner feedback loop force controller 
are shown. In experimental system, stability limit for 
upper-loop position controller was found to be 6500 and 
a value used for it was 6000. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 5 Position control response with pressure control 

servovalve 
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Figure 6 Force control responses with a pressure control 
servovalve 

 
Next Figures 7 and 8 show results with a pressure control 
servovalve with the inner-loop force controller. For this 
experiment position controller gain was reduced to 3000 
and inner-loop force control gain was set to 0.22. 
Stability limit for inner loop control was found to be 
0.26. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 e [s]
 
Figure 7 Position control response of a pressure control 

servovalve 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 

 
Figure 8 Force control response with a pressure control 

servovalve 
 
Finally, Figures 9 and 10 show, a flow control servovalve 
responses, with inner loop force control gain 0.00004 
when its stability limit was 0.0001. In this case, outer 
loop’s position controller gain was 28000, when its 
stability limit was 30000.  
 
 
 
 
 
 
 
 
 
 
 
 

 
 

Figure 9 Position control response of a flow servovalve 
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Figure 10 Force response of a flow servovalve  
 
 
As we can see from measured results, flow servovalve’s 
position tracking error is the lowest. Also static position 
accuracy of the flow servovalve is very good and it is 
equal to both motion directions. In both control cases 
with pressure control servovalve, the static accuracy 
depends on motion directions. Most likely, a symmetric 
cylinder is a cause of that. For the pressure control 
servovalve, as can be seen from the Figures 5 and 7, the 
motion settling time is very long and depends on motion 
direction. In typical manipulator application even with 
symmetric actuators (e.g. vane actuators), pressure valve 
offsets can be a problem due to a different load force 
direction. As expected, without a contact with the 
environment phase of the motion, inner-loop force 
controller doesn’t improve the performance of the 
pressure control servovalve.  Therefore, series of 
additional tests have to be carried out in the future with a 
realistic combination of both free space and contact phase 
motions.  
 
Comparing force tracking capabilities, it can be noticed 
that flow servovalve is quite poor in dynamic force 
tracking but the static force accuracy is good. With 
pressure control servovalve, the settling time of force 
response is very slow while valve is correcting small 
position error as can be seen from Figure 6 and 8.  
 

 
 

 
 

CONCLUSIONS 
 
Pressure servovalve works quite well in force-based 
position control, and they can be considered for 
teleoperation applications in harsh environments. 
Pressure control servovalves are easy to tune by few 
tuning rules. Flow servovalves also provides good force-
based position control results. However, with flow 
control servovalves, significant amount of effort has to 
put into careful selection of pressure transducers, sensor 
signal conditioning and to robust tuning of the inner-loop 
force controller’s etc.      
 
The best properties of the pressure control servovalves 
are that they are easy to tune and have very robust design. 
The concern about using pressure servovalves are their 
price and availability in the near future. A pressure 
control servovalve used in is this study is manufactured 
in accordance with MIL-speciation and therefore should 
be reliable and proven technology. However, some of the 
other valve manufacturers have already discontinued 
their pressure control servovalve program.  
 
In near future, more tests are needed to be carried out in a 
rotary test joint subject to non-constant gravity force and 
contact with the compliant environment.   
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ABSTRACT

This paper develops a design of adaptive pressure controller for hydraulic servo valve with unknown dead zone. In general
to reduce leakage flow, the servo valves adopt positive lap structures. This makes dead zone larger and is obstacle for
precise positioning control. To compensate of such dead zone and unknown physical parameters of system, adaptive
control strategy is examined for simple pressure control system. First it is assumed that only the flow gain of servo valve
can be known by experiment and the adaptive controller is designed. This controller is examined on water hydraulic
servo system which has larger leakage and positive lap for lower viscosity of tap water. The experimental results show
that the better tracking performance is obtained comparing with PI or conventional adaptive controller without dead zone
compensation. Then the controller is extended for unknown flow gain case.

KEYWORDS

Water Hydraulic Servo System, Dead Zone, Adaptive Control, Lyapunov Design, Robustness

INTRODUCTION

In electrohydraulic servo valves with high positioning
performance, positive lap structures are adopted between
land and sleeve to attenuate the leakage of fluid in
general. In addition, a nozzle-flapper structure is also
adopted to reduce friction. However, when the nonlinear-
ities caused by these structural properties are neglected
in designing control system, it often causes deterioration
in the control performance. In the water hydraulic case,
which is paid attention for its lower environmental load,
the high availability and the high energy density owing
to lower compressibility, this characteristic is more ob-
vious. Especially the dead zone and/or the leakage flow
around neutral position of spool displacement should be
compensated to improve the control performance of hy-
draulic actuators.

In this research, we discuss the design of an adaptive con-
troller to track a given desired pressure compensating the
dead zone in servo valve as well as unknown physical
parameters. In general, the dead zones depend on the di-
rection of spool displacement of a servo valve, and some
approach has been reported to overcome this nonlinear-
ity in oil hydraulic systems. In [1] and [2], the dead
zone was estimated by using neural network technique
and PWM signal was generated to cancel the effect. On
the other hand, the research results on applying the adap-
tive control technique to compensate the effect of dead
zone directly are very few[3]. In this paper, an adap-
tive controller which compensate unknown dead zone is
constructed and the performance is examined by experi-
ments. In addition, the adaptive controller is extended to
unknown flow gain case.



PROBLEM FORMULATION

The hydraulic circuit discussed in this paper is shown in
Figure 1.

Figure 1: Hydraulic circuit

By linearizing the flow equation around neutral posi-
tion of sool in servo valve and introducing load pressure
p � p1� p2, the pressure dynamics is given by

ṗ ��sgn�p�θ1

�
�p��θ2 p� f �u� (1)

where θi � 0�i � 1�2� and sgn��� is the signature func-
tion. The input nonlinearity f can be described

f �u� �

��
�

u�θ3 � u � θ3

0 � �θ̄3 � u � θ3

u� θ̄3 � u ��θ̄3

(2)

where u is input to be determined later. The parameters
θ3� θ̄3 � 0 are positive and negative dead zone, respec-
tively, depending on the servo valve displacement direc-
tion (See Figure 2).

3θ
0−θ 3

− u

f u( )

Figure 2: Dead zone of servo valve

The problem that should be solved in this paper is de-
fined as follows.

Problem 1 Find an adaptive controller that makes the
load pressure p track to the reference pressure pr guar-
anteeing global boundedness of all signals in the system

u � u�p� θ̂�
˙̂θ � φ�p�

(3)

where θ̂ is adaptive parameter.

Here we assume that the gain of input u is known
in Figure 2 and in fact this can be almost done by ex-
periment. However, in general, this parameter depends
on working point therefore in later, we discuss another
adaptive controller design considering this unknown in-
put positive gain.

CONTROLLER DESIGN

The desired pressure response is given by

ṗr ��α pr �α r (4)

where α �� 0� is a design parameter and r is a reference
signal. Defining pressure error as e � p� pr, we have
error system

ė � ṗ� ṗr

� �α e�α �p� r�� sgn�p�θ1

�
�p��θ2 p

�

��
�

u�θ3 � u � θ3

0 � �θ̄3 � u � θ3

u� θ̄3 � u ��θ̄3

(5)

In the following, we design the controller and discuss the
stability, depending on the magnitude of input u.
Case (i)： u � θ3 or u ��θ̄3

Introducing adaptive parameter θ̂i �i � 1�2�3�, we give
adaptive input as

u ��α �p� pr�� θ̂1sgn�p�
�
�p�� θ̂2 p� θ̂3 (6)

Then Eq.(5) can be expressed

ė ��α e� θ̃1sgn�p�
�
�p�� θ̃2 p� θ̃3 (7)

where θ̃i � θ̂i �θi �i � 1�2�3�. The Lyapunov-like func-
tion is constructed as

V1 �
1
2

�
e2�

3

∑
i�1

1
γi

θ̃2
i

�
(8)

and the time derivative of V1 along the solution of error
system Eq.(7) is evaluated as

V̇1 � �α e2�
θ̃1

γ1

�
˙̂θ1�γ1sgn�p�

�
�p�e
�

�
θ̃2

γ2

�
˙̂θ2 �γ2 pe

�
�

θ̃3

γ3

�
˙̂θ3�γ3e

�
where γi � 0�i � 1�2�3�. This leads to the parameter up-
date law

˙̂θ1 ��γ1sgn�p�
�
�p�e� ˙̂θ2 ��γ2 pe� ˙̂θ3 ��γ3e (9)



Using Eq.(9), we have V̇1 ��α e2 and Barbalat’s Lemma
[4] shows the pressure error goes to 0 and all signals are
bounded. The similar discussion can be shown in the case
for u � �θ̄3 and the positive definite function V2 and is
omitted. Therefore, in these cases we have Eq.(6) as the
adaptive control input for V � 1

2�V1 �V2� outside of the
dead zone.
Case (ii)： �θ̄3 � u � θ3

In this region the input u is invalid. However we consider
the behaviour of the dead zone compensation parameter
θ̂3.
(a) p � 0 and u � 0
We have e � 0 and the right-hand side of the error dy-
namics

ė � α �pr � p��θ1sgn�p�
�
�p��θ2 p (10)

is negative. This makes e a monotonically decreasing and
there exists a time t0 such that e�t0� � 0 crossing from
positive value.
(b) p � 0 and u � 0
We have e � 0 and the right-hand side of Eq.(10) is neg-
ative. This keeps e be decreasing. At the same time the
fact that the parameter update law guarantees θi � 0�i �
1�2�3� and monotonically increasing. This leads that the
input u is positive and being monotonically increasing.
This implies that there exists a time t1 such that u�t1�� θ3

and the situation moves to above Case(i).
(c) p � 0 and u � 0
We have e � 0 and in a similar to (a), there exists a time
t0 such that e�t0�� 0.
(d) p � 0 and u � 0
We have e � 0 and in a similar to (b), there exists a time
t1 such that u�t1���θ̄3 and the situation moves to above
Case(i).

Therefore the input signal surpass the dead zone after
finite time even if the magnitude of input u becomes
smaller than the dead zone.

Theorem 1 Consider the pressure control system with
dead zone Eq.(1),(2) and desired pressure model Eq.(4).
The adaptive input Eq.(6) and parameter update law
Eq.(9) solve the Problem1.

EXPERIMANTAL RESULTS

To evaluate the effectiveness of the proposed controller,
the pressure control experiment was done. The dead zone
of the servo valve used this time was estimated almost as
θ3 � 0�3[V], θ̄3 � 0�4[V] by experiment. The external
reference r is a rectangular wave signal that changed at
each 10[s], and the design parameter is α � 3. We exam-
ined the PI controller and the normal adaptive controller
without dead zone compensation[5] as well as proposed

controller. The PI control parameters are determined by
try and error.
The experimental result that the maximum reference
pressure is set to 3[MPa] is shown in Figure 3. From this
figure, the normal adaptive controller without dead zone
compensation shows lower performance in reference sig-
nal change. The PI controller have better tracking perfor-
mance, however, the small vibration can be seen around
zero reference pressure for dead zone. The proposed
adaptive controller shows best tracking performance for
both reference signal change and zero state.
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Figure 3: Experimental result: maximum fererence pres-
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Another experimental result that maximum reference
pressure is close to corresponding dead zone is shown in
Figure 4. In this system, the dead zone corresponds to the
pressure from +0.6[MPa] to -0.8[MPa] approximately. In
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addition, the external stepwise software dead zone from
0 to 1.0[V] is also applied to examine the robustness of
each controller. In this result, the sensor noise is rela-
tively larger therefore the tracking performance becomes
lower for all cases. The proposed controller can only al-
most keeps better tracking performance for smaller refer-
ence signal and software dead zone. And it also shows
best performance on the 0 pressure regulation. It is ob-
served that the normal adaptive controller fails reference
tracking. This is on the fact that the adaptive controller is
not possible have good approximation of nonlinear func-
tion with larger bias term by only the combination of lin-
ear and the square root functions. PI controller also shows
lower performance than that shown in Figure 4 and the
vibration becomes larger.

EXTENSION OF CONTROLLER

In previous section, it was assumed that the flow gain
of the servo valve was known. However, this flow
gain changes depending on the operation point generally,
therefore we solve the design problem including the un-
known flow gain estimation.
The flow gain is assumed to be θ3� θ̄3�� 0� and nonlinear
function f �u� of the input of Eq.(1) is modified as follows
(See Figure 5).

f �u� �

��
�

θ3�u�θ4� � u � θ4

0 � �θ̄4 � u � θ4

θ̄3�u� θ̄4� � u ��θ̄4

(11)

−

θ3

−

θ4

θ4

0

θ3

− u

f u( )

Figure 5: Dead zone of servo valve with unknown flow
gain

Adaptive Controller Design
The modified error system is given by

ė � �α e�α �p� r�� sgn�p�θ1

�
�p��θ2 p

�

��
�

θ3�u�θ4� � u � θ4

0 � �θ̄4 � u � θ4

θ̄3�u� θ̄4� � u ��θ̄4

(12)

Motivated by R.Marino’s idea, the inverse parameters are
introduced to estimate θ3� θ̄3 [6].

Case (i)： u � θ4

Defining the adaptive parameter θ̂i �i � 1� � � � �4�, we con-
struct the adaptive input as

u � θ̂4�
v

θ̂3
(13)

v � �α �p� r�� sgn�p�θ̂1

�
�p�� θ̂2 p (14)

Then error dynamics can be expressed as

ė � �α e�α �p� r�� sgn�p�θ1

�
�p��θ2 p

�θ3�θ̂4 �θ4��
θ3

θ̂3
v

� �α e�α �p� r�� sgn�p�θ1

�
�p��θ2 p

�θ3θ̃4�
θ̂5

θ5
v

where θ̃i � θi � θ̂i �i � 1� � � � �5� and

θ5 �
1
θ3
� θ̂5 �

1

θ̂3
(15)

Therefore

ė � �α e�α �p� r�� sgn�p�θ1

�
�p��θ2 p

�θ3θ̃4 �

�
1�

θ̃5

θ5

	
v

� �α e� sgn�p�θ̃1

�
�p�� θ̃2 p�θ3θ̃4�

θ̃5

θ5
v

� �α e� sgn�p�θ̃1

�
�p�� θ̃2 p� θ̃3

v

θ̂3
� θ̃4θ3

(16)

We give a positive definite function

V1 �
1
2

�
e2�

4

∑
i�1

1
ci

θ̃2
i

�
� ci � 0 (17)

and evaluate its time derivative along the solution of
Eq.(16):

V̇1 � �α e2�
θ̃1

c1

�
˙̂θ1 � c1sgn�p�

�
�p�e
�

�
θ̃2

c2

�
˙̂θ2� c2 pe

�

�
θ̃3

c3

�
˙̂θ3 � c3

v

θ̂3
e

	
�

θ̃4

c4

�
˙̂θ4� c4θ3e

�

Noticing that all unknown parameters are positive, we
have parameter update law:

˙̂θ1 ��c1sgn�p�
�
�p�e� ˙̂θ2 ��c2 pe�

˙̂θ3 � c3
v

θ̂3
e� ˙̂θ4 ��c4e

(18)



Eq.(18) guarantees e goes to 0 and the boundedness of all
signal in pressure control system.
Case (ii)： u ��θ̄4

Different from Case (i), we give the input as

u � � ˆ̄θ4�
v
ˆ̄θ3

(19)

v � �α �p� r�� sgn�p�θ̂1

�
�p�� θ̂2 p (20)

Similarly, defining ˜̄θ j � θ̄ j �
ˆ̄θ j � j � 3�4�5� and we in-

troduce

θ̄5 �
1

θ̄3
�

ˆ̄θ5 �
1
ˆ̄θ3

(21)

Then we have the error dynamics and Lyapunov-like
function as

ė ��α e� sgn�p�θ̃1

�
�p�� θ̂2 p� ˜̄θ3

v

θ̃4
� ˜̄θ4θ̄3 (22)

V2 �
1
2

�
e2�

1
c1

θ̃2
1 �

1
c2

θ̃2
2 �

4

∑
i�3

1
ci

˜̄θ
2
i

�
� ci � 0 (23)

To make V̇2 � 0, we have the parameter update law

˙̂̄θ1 ��c1sgn�p�
�
�p�e�

˙̂̄θ2 ��c2 pe�

˙̂̄θ3 � c3
v
ˆ̄θ3

e�
˙̂̄θ4 � c4e

(24)

With Eq.(24), we arrive same result in Case (i).
Case (iii)： �θ̄4 � u � θ4

Similar to the previous section, we can show that the in-
put signal surpass the dead zone after finite time even if
the magnitude of input u becomes smaller than the dead
zone.

In this control system, we have the Lyapunov-like func-
tion

V �
1
2
�V1�V2� (25)

for whole system. Note that if Case (ii) is turned off when
Case (i) is valid and vice versa depending on in which
side the spool is. Then the following theorem is obtained
from the above discussion.

Theorem 2 Consider the pressure control system with
dead zone Eq.(1),(11) and desired pressure model Eq.(4).
The adaptive input Eq.(13),(14),(19),(20) and parameter
update law Eq.(18),(24) solve the Problem 1.

Remark 1 In this design, some technical routine pre-
venting from θ3�

ˆ̄θ3 being divided by zero are needed in
applications.

Numerical Examples
Figure 6 and Figure 7 show the numerical simulation of

pressure control and the input signal obtained by the pro-
posed technique. The design parameter is set to α � 3.
The control performance is good even for small reference
signal. The transient delay can be observed when the
reference signature changes, however, this diminishes as
adaptation develops. The adaptive control input also gen-
erate reasonable magnitude signal.
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Figure 7: Simulation result: adaptive input

CONCLUSIONS

In this paper, two designs of adaptive controller for pres-
sure tracking of servo valve with dead zone are discussed.
Both methods compensate the dead zone directly. The
effectiveness of former controller was evaluated in ex-
periment and it is shown that the tracking performance
is rather good for small reference pressure comparing
with PI or conventional adaptive controller. Motivated by



R.Marino’s idea, the latter method can accommodate un-
known flow gain and simulation result show good perfor-
mance. In future, we will obtain the experimental result
on latter method and also for water hydraulic motor and
water hydraulic cylinder control with these two control
strategy.
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ABSTRACT

Generally most hydraulic systems are intrensically non-linear, why applying linear control techniques typically results
in conservatively dimensioned controllers to obtain stable performance. Non-linear control techniques have the potential
of overcoming these problems, and in this paper the focus is on developing and applying several different feedback
linearisation (FL) controllers to the individual servo actuators in a hydraulically driven servo robot to evaluate and compare
their possiblities and limitations. This is done based on both simulation and experimental results.

KEYWORDS

Feedback linearisation, hydraulic servo system.

NOMENCLATURE

Ap : Cylinder piston area
Bt : Viscous friction coefficient
CL : Leakage coefficient
FL : External load force on the piston
Kv : Valve discharge coeffient
Meq : Equivalent mass being accelerated
pA, pB : Cylinder chamber pressures
pL : Load pressure, defined aspL = pA − pB

pS : Supply pressure
pT : Tank pressure
u : Control signal to servo valve
xP : Cylinder piston position
VA, VB : Volume in cylinder chambers
βF : Effective oil bulk modulus

INTRODUCTION

In the last decades electrical drives have become increas-
ingly popular, due to the advances in power electronics
and frequency inverters, but hydraulic servo-systems still
find a variety of applications in industrial motion control
due to its high size-to-torque ratio [1]-[4]. The use of
hydraulics is for instance still widespread in areas of
machining plants, mining etc. [5]. Often however, these
hydraulic drives are controlled using linear controllers,
which degrade the obtainable performance of the drive,
as most hydraulic systems are intrinsically non-linear
and have time-varying parameters. The non-linearities,
combined with large parameter ranges means that is
difficult to achieve satisfactory performance, as the linear
controllers have to be dimensioned conservatively to



ensure stability. In addition, the natural damping in
these system are in general very low. Non-linear control
techniques have the potential of overcoming these prob-
lems, and in this paper, the problem of tracking control
of electro-hydraulic servo actuators using feedback
linearisation applied to a hydraulically driven test robot
is addressed. In its simplest form, feedback linearisation
in this way amounts to cancelling the non-linearities in
a non-linear system, so that the closed-loop dynamics
become linear and may hence be controlled by linear
controllers.

SYSTEM DESCRIPTION

The system considered in this paper is a two degrees-of-
freedom rotary arm manipulator with a high-frequency
servo valve controlled hydraulic cylinder driving each
link. An illustration of the system is shown in Figure 1.
This system is, as many hydraulic systems, characterised
by the highly non-linear nature of the servo valve pres-
sure/flow characteristic, friction effects, a very low damp-
ing ratio and dynamics that strongly depends on the op-
erating point and the physical parameters describing the
system.

Figure 1 3D illustration of the hydraulic servo robot used
as test case.

Considering each of the servo valve controlled cylinders
separately, these may be model by the following equa-
tions. The force balance equation applied to the cylinder
piston is given by:

MeqẍP = pLAP −BtẋP − FL (1)

Neglecting the dynamics of the servo valve, the flow

through the servo valve may be described by:

QA=
{

Kvusign(pS − pA)
√
|pS − pA| , u ≥ 0

Kvusign(pS − pB)
√
|pS − pB | , u < 0

(2)

QB=
{

Kvusign(pB − pT )
√
|pB − pT | , u ≥ 0

Kvusign(pA − pT )
√
|pA − pT | , u < 0

The cylinder chamber pressures are found from the con-
tinuity equation:

ṗA =
βF

VA,0 + AP xP
(QA −AP ẋP − CLpL) (3)

ṗB =
βF

VB,0 −AP xP
(AP ẋP −QB + CLpL) (4)

INPUT-OUTPUT LINEARISATION OF THE HSS
MODEL

The above model is the basis for the input-output lineari-
sation. Representing this as a state model, with the state
vectorx = [xP ẋP pA pB ]T :

ẋ =


x2

1
Meq

(AP (x3 − x4)−Btx2 − FL)
βF

VA
(−AP x2 − CL(x3 − x4))

βF

VB
(AP x2 + CL(x3 − x4))



+


0
0

βF

VA
H(x3, x4)

− βF

VB
I(x3, x4)

u (5)

whereH(x3, x4) = QA and I(x3, x4) = QB are the
flow expressions given by Eq. (2).

Compensation of Pressure Dynamics

In the following the feedback linearisation approach will
be used to compensate for non-linearities related to the
pressure dynamics. This is done by considering only the
part of the model, with the state vectorxT = [pA pB ]:

ẋ =

[
βF

VA
(−AP x2 − CL(x3 − x4))

βF

VB
(AP x2 + CL(x3 − x4))

]
(6)

+

[
βF

VA
H(x3, x4)

− βF

VB
I(x3, x4)

]
u

Define the output as the force:

y = AP (pA − pB) = AP (x3 − x4) (7)



Following the approach in [6], we set up the quantities:

∇h = [AP −AP ] (8)

Lgh = ∇hg (9)

=
βF AP

VA
H(x3, x4) +

βF AP

VB
I(x3, x4)

Lfh = ∇hf (10)

=
(

βF AP

VA
− βF AP

VB

)
(−AP x2 − CL(x3 − x4))

whereLfh is the Lie derivative of the scalar functionh
with regard to the vector functionf . The Lie derivative
and repeated Lie derivatives being defined as:

Lfh = ∇hf =
∂h

∂x
f(x) (11)

Li
fh = Lf (Li−1

f h) = ∇(Li−1
f h)f i = 1, 2, ... (12)

with ∇ =
[

∂
∂x1

∂
∂x2

... ∂
∂xn

]
denoting the gradient

operator.

SinceLgh 6= 0 the control law is selected as:

u =
1

Lgh(x)
(−Lfh(x) + ν) (13)

which yields a force tracking system that converges ex-
ponentially to zero, if the desired force trajectory and its
first derivative is known. If the control law is substituted
into the system it results in the feedback linearised sys-
tem:

ẏ = AP (ẋ3 − ẋ4) = ν (14)

The plant describing the piston position is given by Eq.
(5). Hereby the last two equations are feedback linearised
by the control law in Eq. (13), and the first two equations,
describing the motion of the piston, are linear. Differen-
tiating the second equation of the system yields:

...
xP = ẍ2 =

1
Meq

(
AP (ẋ3 − ẋ4)−Btẋ2 − Ḟext

)
=

1
Meq

(
ν −Btẋ2 − Ḟext

)
(15)

or:
Meq

...
xP + BtẍP + K = ν (16)

whereK denotes the external forces and disturbances.

Controller Design
The above feedback linearisation yields a system model
described by Eq. (16). The control law is selected as:

ν = M̂eq(
...
xd − kaë− kv ė− kpe) + B̂tẍP + K̂

= vT â (17)

where vT = [
...
xd − kaë− kv ė− kpe ẍP 1 ] and

âT = [ M̂eq B̂t K̂ ]. The constantŝMeq, B̂t andK̂
are estimates of the true values. Ifã is defined aŝa − a,
Eq. (17) can be rewritten as:

Meq(
...
e + kaë + kv ė + kpe) = vT ã = ãT v (18)

which, if Laplace transformed yields:

e =
1

s3 + kas2 + kvs + kp

[
M−1

eq vT ã
]

(19)

If â = a ⇒ ã = 0 resulting in exponential decay of the
error.
The closed-loop error dynamics of Eq. (18) can be de-
scribed by the following state-space equation:

ẋ = A x + B

[
1

Meq
ãT v

]
e = C x (20)

where:

x =

 e
ė
ë

 , A =

 0 1 0
0 0 1
−ka −kv −kp

 (21)

BT =
[

0 0 1
]
, C =

[
1 0 0

]
When designing the controller the constantska, kv andkp

can be found by pole placement of the system in Eq. (20).
Summarised the feedback linearised pressure controller
(FLPC) is implemented as:

u =
1

Lgh(x)
(−Lfh(x) + ν) (22)

ν = M̂eq(
...
xd − kaë− kv ė− kpe) + B̂tẍP + K̂

where

Lgh = ∇hg =
βF AP

VA
H(x3, x4) +

βF AP

VB
I(x3, x4)

Lfh=∇hf

=−
(

βF AP

VA
+ βF AP

VB

)
(AP x2 + CL(x3 − x4))

Using this controller as a pure state feedback, simulated
position tracking errors may be seen in Figure 2. The
errors are plotted when applying a sinusiodal reference
input for both the two cylinders, making these move from
one end position to the other and back in three seconds.
To test robustness a mass step of50 [kg] is applied to the
tool center point of the test robot after 6 seconds.



Figure 2 Simulated errors of HSS 1 and HSS 2 using the
FLPC. A mass step of50 [kg] is applied after6 [s].

A SIMPLIFIED FL CONTROLLER (FLSC)

The strategy derived above requires measurement of the
piston acceleration, and in this section a simplified model
is derived. This is done by neglecting the pressure dy-
namics in the cylinder chambers, assuming the pressure
build up to be instantaneous, whereby the flow from the
servo-valve is set equal to the displacement flow of the
cylinder piston. Neglecting the pressure dynamics yields:

AP ẋP + CLpL =
Kv√

2
u
√

pS − pT − sign(u)pL (23)

Why the control lawu is chosen as:

u =
√

2AP (ν − λpLx)
Kv

√
pS − pT − sign(u)pL

(24)

wherepLx is the load pressure (applied by the feedback
linearisation) andλ is a scaling factor. Equation (23) can
now be written as:

AP ẋP + CLpL = AP (ν − λpLx)⇔ (25)

pLx = −AP ẋP + CLpL −AP ν

AP λ
(26)

Substituting the load pressurepLx into the motion Eq. (1)
gives:

MẍP = AP pLx −Btẋ− FL ⇒

ν =
Mλ

AP
ẍP +

Btλ + AP

AP
ẋP +

FLλ + CLpL

AP

= a1ẍP + a2ẋP + a3 (27)

If the theory, used in the previous section, is applied to
the this second-order system, the control law becomes:

ν = â1(ẍd − kv ė− kpe) + â2ẋP + â3 = vT â (28)

wherevT = [ẍd−kv ė−kpe ẋP 1], âT = [â1 â2 â3]
and the constantŝa1, â2 andâ3 are estimates of the true
values.

This results in a system, where the closed-loop error
dynamics can be described by the following state-space
equation:

ẋ = A x + B

[
1
a1

ãT v

]
e = C x (29)

with:

x =
[

e
ė

]
, A =

[
0 1
−kv −kp

]
(30)

BT =
[

0 1
]
, C =

[
1 0

]
Summarised the controller is implemented as:

u =
√

2AP (ν − λpLx)
Kv

√
pS − pT − sign(u)pL

(31)

where

ν = â1(ẍd − kv ė− kpe) + â2ẋP + â3

Adjusting the controller parameters based on pole place-
ment, with the desired pole locations beingσ = −100±
40i, simulated position tracking errors are shown in Fig-
ure 3.

Experimental Results of the FLSC

To verify the performance of the controller, this is imple-
mented and tested on the laboratory setup. Implementa-
tion of the algorithm showed sensitity to noise in both the
position and pressure signals, why both of these had to be
filtered using second-order digitally implemented filters.
As a consequnce hereof the controller parameters needed
to be changed, so the poles were placed asσ = −20±20i,
which degraded the performance of the controller. Exper-
imental measurements using this controller are shown in
Figure 4.
Comparing the simulated and the experimantal results it
is seen that the measured tracking errors are approxi-
mately an order of magnitude larger than the simulated
due to the readjusted controller parameters.



Figure 3 Simulated errors of HSS 1 and HSS 2 using the
FLSC.

Figure 4 Errors of HSS 1 and HSS 2 using the FLSC on
the laboratory setup.

ADAPTIVE FEEDBACK LINEARISED
SECOND-ORDER CONTROLLER (AFLSC)

In the previous section the system parameters are esti-
mated and consequently the controller the parameters are
adjusted conservatively. In order to compensate for these
parameter variations an adaptive controller has been im-
plemented. For the error equation (29), a standard adap-
tive control law including both an “integral” and a “pro-
portional” part is chosen to:

ˆ̇a = −sign(a−1
1 )γev − sign(a−1

1 )α
d

dt
(ev) , γ, α > 0

(32)
The controller with adaptation capabilities to account for
unmodelled dynamics is thus implemented as:

Control law (AFLSC):

u =
√

2AP (ν − λpLx)
Kv

√
pS − pT − sign(u)pL

(33)

where

ν = â1(ẍd − kv ė− kpe) + â2ẋP + â3

Adaptation law (AFLSC, expanded): ˙̃a1q

˙̃a2

˙̃a3

 =

 ˙̂a1

˙̂a2

˙̂a3

 =

 c1

−γ2eẋP − α2
d
dt (eẋP )

−γ3e− α d
dt (e)


with c1 = −γ1e(ẍd−kv ė−kpe)−α1

d
dt (e(ẍd−kv ė−

kpe)).

A schematic illustration of the implementation is shown
in fig. 5. Simulation results for this controller are shown
in fig. 6 and experimental results are given in fig. 7.

Figure 5 Block diagram of the system using the AFLSC.

Figure 6 Simulated errors of HSS 1 and HSS 2 using the
AFLSC.

As seen from the results the performance of the AFLSC
is very good and the steady-state errors on both cylinder



Figure 7 Errors of HSS 1 and HSS 2 using the AFLSC on
the laboratory setup.

pistons are limited to±0.5mm. From the position track-
ing errors, shown in fig. 7, it may be seen that it is very
chattered, due to the velocity signal being obtained by
differentiating the position signal and filtering.

CONCLUSIONS

The focus of this paper has been the development and
comparison of several feedback linearisation controllers
applied on a hydraulic servo robot. In the first controller
(FLPC) a part of the model was linearised, namely the
pressure dynamics. This linearisation results in a linear
control system, but with varying inertia, which showed
good performance both in the case of varying parame-
ters and robustness to load changes. The disadvantages
of the controller is the number of needed state measure-
ments. The second controller (FLSC) was based on a
model reduced to a second-order system, by neglecting
the pressure dynamics. The controller showed very good
performance in the simulation, but was sensitive to noise
in the laboratory, why the controller parameters had to be
retuned, decreasing the performance considerably.

To improve the performance of the FLSC, the AFLSC
was developed by adding an adaptive control scheme,
whereby the performance was improved significantly.
Though the AFLSC is fairly complex, the controller pa-
rameters are easily adjusted. Common for the controllers
considered are that they are very robust to mass varia-
tions, as a stepwise increase in the tool centre point mass
by 50 [kg] has no significant influence on the resulting
position tracking error response.
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ABSTRACT 
 

The problem of control of force exerted by pneumatic cylinders on the environment is of interest in industrial 
automation and systems such as legged robots. In this paper, a sliding mode fuzzy force control algorithm is proposed 
for pneumatic cylinders. The environment is assumed to be “soft” or compliant and modeled as a spring. The advantage 
of the new controller is that being based on fuzzy logic, knowledge of the cylinder dynamics or disturbances such as 
friction is not necessary. The control law implementation is based explicitly on contact force measurements. The 
proposed algorithm is simple, robust, and easy to implement. Results of experimental implementation are presented to 
illustrate the practical effectiveness of the new method. 
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INTRODUCTION 
 

Pneumatic actuators and systems are widely used in 
industrial automation because of their advantages of 
low-cost and high payload-to-weight/volume ratios. 
Further, they find applications in robotics, rehabilitation 
systems, as well as energy conversion.  
However, further development and use of pneumatic 
actuators is limited by their difficulty of precise control. 
Pneumatic actuators have nonlinear, high-order 
dynamics and parametric uncertainties due to friction 
and air compressibility. The performance of conven- 
tional PID controller is limited under these conditions. 

 
Accurate position and trajectory control of pneumatic 
actuators and air motors has been achieved by means of 
advanced control techniques such as sliding mode 
control and adaptive control, e.g. [1]-[3]. These 
techniques are developed based on full-order 
model-based compensation for the nonlinear dynamics 
which includes the chamber pressure dynamics. The 
performance achieved is comparable to that of 
conventional electric actuators [4]. 
Interaction with an environment is involved in many 
industrial assembly and automation operations, as well 
as systems such as legged robots and object handling. 



Thus, the control of the contact force exerted on the 
environment is a major task. There are basically two 
types of environment: one is ‘hard” environment with 
infinite stiffness while the other is “soft” environment 
which undergoes deformation and can be modeled as 
spring, damper and mass system.  
The problem of force control has been extensively 
studied for electrically actuated mechanisms and 
manipulators as well as hydraulic actuators, e.g. [5]-[6]. 
However, limited research has been conducted for the 
case of force control of pneumatic actuators and 
pneumatic robots, e.g. [7]-[10]. It has focused on 
linearized or nonlinear model-based force control and 
therefore is either limited in accuracy or complex to 
implement.  
Intelligent control methods, using fuzzy, neural nets, or 
genetic algorithms, are well-suited for force control of 
pneumatic actuators, since they are not model-based and 
the environment is often unknown. However, research 
on intelligent control of pneumatic cylinders has mainly 
been limited to position control, e.g., [11]-[12]. 
The authors have recently applied the sliding mode 
control (SMC) approach to pneumatic cylinders in 
contact with a “hard” environment, i.e., the environment 
with infinite stiffness [13]. The SMC has advantages of 
simplicity, high performance, and robustness to matched 
uncertainties. However, in the absence of good 
model-based compensation – which requires knowledge 
of high-order system dynamics – the technique requires 
large switching gains which may lead to chattering and 
excitation of unmodeled dynamics. The adaptation of 
the switching gains further requires knowledge of 
system dynamics [2].  
In this paper, we consider the force tracking control 
problem for pneumatic cylinders in contact with a “soft” 
environment, which is modeled as a spring of finite 
stiffness. In order to avoid modeling the high-order 
dynamics of cylinder and valves for controller design, 
we focus on the fuzzy logic approach for tuning gains. 
As is well known, fuzzy logic controllers are effective 
intelligent controllers for various applications, e.g., [14]. 
Because fuzzy controllers are often designed based on 
intuitive standpoint, they are often more understandable. 
However, due to the linguistic expression of fuzzy 
controller, it is difficult to guarantee the stability of 
control systems. Nevertheless, by designing sliding 
mode type fuzzy logic controller, the performance and 
stability can be ensured and meanwhile the number of 
fuzzy rules can be reduced [15]. 
The proposed sliding mode fuzzy controller (SMFC) 
has the advantages of not requiring knowledge of the 
cylinder and valve dynamics, and ensures precise and 
robust performance in the presence of disturbances 
through adaptation of switching gains and parameters. 
Experimental results are presented for an industrial-type 
cylinder to illustrate the effectiveness of the proposed 
SMFC. 

DYNAMICS OF CYLINDERICAL ACTUATORS 
 

Consider the schematic shown in Fig.1 of a pneumatic 
cylinder in contact with a soft environment modeled as 
a spring. Proportional servovalves are used at the two 
chambers to precisely control the air flow. 
 

 
 

Figure 1. Model of cylindrical actuator 
 
Here, 1P , 2P  are the chamber air pressures, 1A , 2A  

are the ram areas, and 1S , 2S  are the valve 
cross-section areas. M  is the mass of the external 
payload and the piston, and B is the coefficient of 
viscous friction and the damping. x is the position of 
the piston endpoint, and L is the stroke of the piston. 
F  is the force exerted on the environment, represented 
here as a spring. 
The dynamics of piston motion is given by 
 

1 1 2 2( ) ( )a aMx Bx d F A P P A P P+ + + = − − −    (1) 

where aP  is the atmospheric pressure, and d  
represents disturbance due to static and Coulomb 
friction. Assuming, without loss of generality, that 
A1=A2=A, the piston dynamics becomes 
 

1 2( )Mx Bx d F A P P+ + + = −         (2) 
 
Under the assumption of no friction, from Eq. (2) we 
have 

1 2

1
( )P P P Mx Bx F

A
− ≡ ∆ = + +        (3) 

 
The dynamics of pressures 1P  and 2P  is expressed by 
nonlinear relations as [1] 
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where ih  and ie  are positive constants, 1f  and 

2f  are nonlinear functions and iu  are voltage inputs 

to the valves )2,1( =i . 
Further, the valve dynamics is usually quite fast 
compared to the piston and pressure dynamics, and so 
can be neglected. 
If the piston is in contact with the environment at x, the 
force on the environment can be modeled as a pure 
elastic restoring force as [5] 
 

( )eF K x x= −                (6) 
where K is the coefficient of stiffness, and the 
equilibrium point of contact xe is treated as constant for 
a stationary environment. 
Equations (2)-(6) can be combined to express the 
system dynamics in terms of the contact force F and its 
derivatives. Model-based feedback (and feedforward) 
control for force tracking can then be designed using 
explicit force measurements. The details of this 
procedure are omitted here due to lack of space. 
Note that the above dynamic equations are not used in 
the design of the SMFC. However, they can be used to 
obtain bounds on the switching gains and parameters of 
the controller as well as proof of stability. 
 

DESIGN OF SLIDING MODE FUZZY FORCE 
CONTROLLER 

 
Sliding Mode Controller 
In the trajectory tracking problem, the force trajectory is 
required to track the reference force 
trajectory ],0[),( TttFr ∈ , where T is the terminal 
time. We assume that the desired force and its first two 
derivatives )(),( tFtF rr exist and are continuous over 

].,0[ Tt ∈  
From the literature on force control of single and 
multiple manipulators, it is well known that integral 
force control provides both robustness and elimination 
of steady state error, e.g., [16]. So, we introduce an 

additional state variable in the form of τdF
t

∫0 . 

Accordingly, the state vector of the resulting 
second-order system is defined as  

[ ]T
FdF τ∫=X  and [ ]T

rrr FdF τ∫=X  

Let the force tracking error be  
 

[ ] XXE −=∆∆= ∫ r

T
FdF τ   

For the sliding mode controller, we choose a linear, 
time-invariant sliding surface as  
 

EcTts =)(                 (7) 
 
where  ( )11cT =c  and 1c  is a real constant. 
Note that on the sliding surface, s(t) = 0, which means 
that when the system state is on the sliding surface the 
system dynamics if of first order as 
 

01 =∆+∆∫ FFdc τ  

Therefore, by choosing 01 >c , we can ensure that the 
reduced-order subsystem is stable on the sliding surface.  
Next, we choose the switching feedback gains to 
guarantee that the sliding surface is reached from 
anywhere in the state space. The sliding mode controller 
gains are obtained from the condition for reachability of 
the sliding surface: 
 

0<ss                (8) 
 
We specify the control algorithm in the form [13] 
 

)sgn(su i
T
ii Λ+= EΦ , )2,1( =i        (9) 
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and iΛ  is a scalar relay gain. 
 
Fuzzy Gain-Tuning 
Consider the sliding surface and the sliding mode 
controller as defined by Eqs. (7), (9). The control 
performance largely depends on the values of parameter 
c1 and the feedback/relay gains. In order to avoid the 
problems of gain tuning with regular SMC, in this 
section we propose to use the Mamdani-type fuzzy logic 
controller (FLC) to adaptively tune these gains based on 
several sets of fuzzy rules. The structure of the proposed 
sliding mode force controller is shown in Fig. 2. 
The general form for the j-th rule of a single-input, 
single-output Mamdani-type FLC is as follows: 
Rule jR :  

IF z  is jA  THEN y  is jB    mj ,...,2,1=  



where z is the input variable to the controller, y is the 
output variable, and Aj and Bj are the fuzzy sets for z and 
y respectively. 
Next, we fuzzify the normalized z by means of 
predefined triangular membership function of the 
elements z as in Fig. 3. 
Finally, we use the correlation-minimum inference 
method to geometrically sum the consequences of the 
active associations and apply centroid defuzzification to 
find the crisp values of normalized y . Then, we 
denormalize it to obtain the actual output value. The 
resulting equations are given by Eqs. (10) – (12).  
 

 
 

Figure 2. Sliding mode fuzzy force controller 
 
 

 
 

Figure 3. Fuzzification of z  
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where 
jRµ is the output of the membership function 

value of the specific input value according to the 

specific fuzzy rule. 
jCµ is the overall output of the 

membership function of the specific input by taking the 
minimum value among different output membership 
values. Y is the actually output obtained by 
defuzzification. 
The parameter c1 determines the slope of the sliding line 
and therefore, the larger it is the faster will the system 
response be. Therefore, based on this characteristic we 
set up the fuzzy rules as shown in Table 1. 
The fuzzy logic tuning for the gains 1iα , 2iα  and iΛ  

is similar to that for 1c  based on different inputs and 
fuzzy rules, e.g. Table 2 shows the rule base for tuning 

1iα . For simplicity of implementation, we may set 

ijij αβ −= . 

Table 1 Rule base for 1c  
 

∫∆ τFd  
Fuzzy Rules

Zero Small Medium Large 

1c  Zero Small Medium Large 

 

Table 2 Rule base for 1iα  
 

∫∆ τFd  
Fuzzy Rules

Zero Small Medium Large 

1iα  Zero Small Medium Large 

 
EXPERIMENTAL RESULTS 

 
The effectiveness of the proposed sliding mode fuzzy 
force controller is illustrated in this section with results 
of experimental implementation on an industrial 
double-acting piston-driven pneumatic cylinder. The 
experimental setup used is shown in Fig. 4. 
The external payload is moved by the piston against a 
soft environment. In the experiments, two 3-port 2-way 
proportional servovalves are connected to the left and 
right side input ports of the pneumatic cylinder 
respectively.  
The force sensor reading is fed to the control program 
through a 12-bit A/D converter, and the output to the 
servovalves are from a D/A converter in the PCI data 
acquisition card inside a desktop PC, based on a 2 GHz 
Pentium processor. The program is written in Visual 
C++, and implemented with a sampling period of about 
1 msec. The integral force error is obtained as difference 



of the desired integral force signal and the numerically 
integrated values of the filtered force signal.  
 

 
Figure 4. Schematic of experimental system 

Figure 5 shows the case of tracking a cycloid trajectory. 
While the trajectory tracking is accurate, there is a 
significant initial error due to static friction [17].  
Figures 6 and 7 show the results of tracking low and 
high frequency sine wave reference trajectories without 
payload, respectively. It can be seen that the tracking 
performance is accurate and robust with reference to 
speed of reference trajectory. 
In order to investigate the robustness of the proposed 
sliding mode fuzzy controller, experiments with various 
payloads have been conducted. Figures 8 and 9 show 
the results of tracking low and high frequency sine wave 
with the payload of 3 kg. By comparing to Figure 6 and 
7, the results show that the proposed controller provides 
a robust performance with different payload. However, 
there is significant error for each case due to the friction. 
The results presented here highlight the important role 
of cylinder and servovalve friction in limiting the 
accuracy of force tracking by pneumatic cylinders. This 
result is similar to earlier findings on effect of friction 
on cylinder position tracking [17]. Future research will 
focus on the friction learning and compensation to 
improve the controller’s performance. 

 
 

Figure 5. Tracking of cycloid force trajectory 

 
 
Figure 6. Tracking of low frequency sine wave without 

payload  

 
 

Figure 7. Tracking of high frequency sine wave without 
payload 

 
 

Figure 8. Tracking of low frequency sine wave with the 
payload of 3 kg 

 
The major advantage of SMFC is that instead of 
manually tuning gains as in PI and conventional sliding 
mode control, the fuzzy gain tuning makes use of 
heuristic fuzzy logic rule base to adapt the gains. This 
adaptation of gains also can be expected to result in 
significant energy efficient performance. 
 



 
 
Figure 9. Tracking of high frequency sine wave with the 

payload of 3 kg 
 

CONCLUSION 
 
A sliding mode fuzzy force controller for control of 
interaction forces of a pneumatic cylinder actuator in 
contact with a “soft” environment has been proposed in 
this paper. The proposed controller has the advantages 
of simple and easy implementation and robust 
performance for trajectory tracking. The experimental 
results validate the effectiveness and robustness of the 
proposed controller. 
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ABSTRACT 

 

A power-assisted chair using pneumatic system has been studied by the authors. The chair aims to help the user to stand 

up with assistance force generated by a pneumatic cylinder.  In this study, a pneumatic cylinder, control valves, a 

compressor, a microcomputer and electric power sources are integrated in the chair.  Control and measurement 

techniques using the microcomputer are described in this paper.  
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1. INTRODUCTION 

 

The shift to aging society is progressing rapidly in 

advanced countries including Japan. Lack of nurses 

becomes a social issue. Therefore, equipments for 

welfare attract interests of many researchers. For 

examples, assist systems for human walking were 

studied by Tsuchiya [1] and Raparelli [2].  A silicone 

outer fence mould actuator was studied by Hayakawa [3].  

A flat tube actuator was studied by Tsukagoshi [4]. 

Human friendly robots were studied by Noritsugu [5]. In 

these studies, pneumatics was applied because of the 

advantage of compressibility and cleanliness of air.  As 

a key word to cover this research field, a term "Soft 

Mechanisms" has been proposed by Prof. Noritsugu [5].  

The authors also have studied a power-assisted chair that 

helps the user to stand up using a pneumatic cylinder [6].  

The seat is tilted by a pneumatic cylinder and the seat 

angle is detected in order to control assist force.  In this 

paper, control and measurement techniques of an 
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integrated power-assisted chair using a microcomputer 

are described.  A pneumatic cylinder, control valves, a 

compressor, and a controller are installed inside the chair.  

In a section 2, the integrated power-assist chair is 

introduced.  In a section 3 and 4, the system 

configuration and control and measurement techniques 

are described in details.  Experimental results are 

discussed in a section 5.  Finally, the results are 

summarized in a section 6. 

 

Nomenclature 

 

F  assistance force (N) 

M weight  (kg) 

P pressure   (Pa) 

θ seat angle  (degree) 

 

 

2. Integrated Power-assisted Chair 

 

The integrated power-assisted chair is shown in Fig. 1.  

A pneumatic cylinder, a proportional pressure control 

valve, a compressor and a tank were mounted on a base 

frame of the chair.  The pneumatic cylinder was 

connected to the seat by a link mechanism.  The link 

mechanism is shown in Fig. 2.  Cylinder force was 

generated almost in a horizontal direction, and it is 

transferred to the seat by the slider crank mechanism.  

Force of the seat assists user’s motion of standing-up and 

sitting-down.  A ratio of the assist force to the cylinder 

force is named as a force transfer ratio in this study. 

 

 

Fig. 1 Integrated power-assisted chair 

 

Fig. 2 Slider crank mechanism 

 

3. System Configuration 

 

System configuration is shown in Fig. 3.  A 

microcomputer board (H8 microcomputer shown in Fig. 

4) was used in order to control the pneumatic cylinder 

and the compressor.  The microcomputer has not a 

display and a keyboard.  Therefore, a remote control 

panel was made as the interface device.  Using the 

control panel, main power supply can be switched. In 

addition, a rotary potentiometer was used in order to 

input the weight of the user.  

A commercial compressor for tires and balls was used.  

It is enough small to be installed inside the chair.  

Compressed air is supplied to a proportional pressure 

control valve through a filter, a drier, and a check valve.  

Cylinder pressure is controlled by the proportional 

pressure control valve. 

Assistance force 

Cylinder 

force 
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Fig. 3 System configuration 

 

Fig. 4 H8 Microcomputer board 

 

Seat angle is detected by a rotary potentiometer attached 

at the rotary joint of the seat. Seat angle, cylinder 

pressure, and tank pressure are input to the 

microcomputer through AD or PIO interfaces.  The 

main role of the microcomputer is to control cylinder 

pressure.  The pressure control technique is based on 

calculation using the seat angle, the weight specified by 

the control panel, and the pressure of the cylinder.  The 

details will be described in the next section.  Another 

role is on/off control of the compressor.  If the tank 

pressure is larger than the high value, the compressor is 

turned off.  If it is smaller than the low value, the 

compressor is turned on.  The control signal is sent to 

the compressor through a solid-state relay switch.  

4. Control System 

 

First of all, static characteristics of the proportional 

pressure control valve were measured.  The results are 

shown in Fig. 5 as a function of input voltage.  

Hysteresis was observed corresponding to standing-up 

and sitting-down motion. Therefore, the characteristics 

were approximated using two straight lines representing 

stand-up and sit-down motion, respectively.  
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Fig. 5 Static characteristics of a proportional pressure 

control valve 

 

A control technique of assistance force is explained. 

Assistance force was determined based on a concept of 

knee torque compensation. Human body was 

approximated by a link model as shown in Fig.6. The 

link parameters, such as mass, inertia and center of 

gravity, can be found in a reference [7]. 

According to our experiments, in the case of standing-up 

motion, the angle of the upper body with respect to a 

vertical line does not change so much. Therefore, the 

angle of upper body is assumed to be constant (θ 3 = 30°). 

A static balance of moments around a knee joint is 

written as: 

 

)sinsin(sin 3322322222 θθθ dlgmFlgdmT ++−=  

)sinsin(sin 3322322222 θθθ dlgmgdmFlT ++=+∴  (1) 
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Fig. 6 Three link model of a human body 

 

The assistance torque in the knee joint Fl2  is 

controlled to be a half of knee torque without the 

assistance force. Therefore, 

 

FlT 22 =     (2) 

 

Substituting Eq.(2) into Eq.(1), the assistance force F is 

obtained as: 

 

2

33223222
2

)sinsin(sin
l

dlgmgdmF θθθ ++
=  (3) 

 

According to the design of the chair, a geometrical 

relationship between θ and θ2 is written as: 

 

)105(
1802 θπθ −=     (4) 

 

Substituting parameter values into Eq(3) and 

approximating the curve of the assistance force F as a 

function of the angle θ  by a second order polynomial 

of θ , the approximated equation is obtained as: 

 

MF ×+−−= )9908.4022.00004.0( 2 θθ ,    (5) 

 

where M is mass of the human body that will be input by 

the user. 
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Fig. 7 Assistance force (M = 60kg) 

 

Therefore, the assistance force for standing-up motion 

can be plotted as a function of the seat angle as shown in 

Fig. 7 for the weight M=60 kg.  Assistance force for 

sitting-down motion can not be obtained at present.  

Therefore a virtual spring concept [6] was applied. 

The block diagram of the control system is shown in Fig. 

8.  Valve characteristic V(P) and assistance force F(θ) 

are obtained according to above mentioned techniques.  

D (θ) is a force transfer ratio. 

 

Fig. 8 Block diagram of a control system 

 

The seat angle is detected and desired assistance force is 

calculated. To determine cylinder pressure, a force 

component of the seat weight that is parallel to the 

assistance force or perpendicular to the seat should be 

added to the desired assistance force.  
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Multiplied by the force transfer ratio, desired cylinder 

force and desired cylinder pressure are determined.  The 

cylinder pressure is controlled by feedback and 

feed-forward control.  

There are two main control modes corresponding to 

standing-up motion and sitting-down motion.  In 

experiments where only these two modes were 

considered for the valve control, chattering phenomena 

occurred and the valve became unstable.  The chattering 

may be caused by noise. In order to suppress the 

chattering, a state transition chart having six modes 

shown in Fig.9 was applied.  In the figure, ∆θ is the 

increment of the seat angle during one control period. 

The initial state is “Start”, and it transits to “Sit”, “Stand” 

or “Stop” mode depending on the value of θ∆ .  For an 

example, the “Sit” mode is a buffer mode for going to 

the next mode “Down”.  In the “Sit” mode, the valve is 

not controlled.  When θ∆  is negative, the state 

transits from the “Sit” mode to the “Down” mode.  

Otherwise, the state stays there for 0=∆θ or it goes to 

the “Stand” mode for 0>∆θ .  In the “Down” and “Up” 

mode, the valve is controlled.  During the “Down” 

mode, when θ∆  becomes positive, the state transits 

from “Down” to “Start” mode.  Using the state 

transition chart, chattering was suppressed in 

experiments. 

 

Fig. 9 State transition chart 

5. Experimental Results 

 

Controlling the chair by the proposed method, 

experiments were carried out.  Cylinder pressure was 

measured for standing-up and sitting-down motions.  

Measured results of cylinder pressure are shown in Fig. 

10.  The cylinder pressure well followed the target 

values.  The system stability was very much sensitive to 

the proportional gain of the feedback control of cylinder 

pressure. 
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Fig. 10 Experimental results of cylinder pressures 

 

6. Conclusion 

 

In this research, control and measurement techniques of 

the integrated power-assisted chair were proposed.  A 

concept of knee torque compensation was applied.  A 

microcomputer (H8 microcomputer) had an enough 

performance.  State transition chart was useful to avoid 

chattering.  Because the commercial compressor 

produced noise and vibration, a silent and small size 

compressor must be designed in the future. 
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ABSTRACT

A pneumatic artificial muscle actuator (PAM actuator), has been regarded during the recent decades as an interesting
alternative to hydraulic and electric actuators because of these advantages such as high power to weight ratio, low cost,
readily available and cheap power source, inherent safety and mobility assistance to humans performing tasks. However,
problems with the air compressibility and the lack of damping ability have made it difficult to realize motion with high
accuracy, high speed and with respect to various external inertia loads in order to realize a human-friendly therapy robot
(HFTR).
An intelligent phase plane switching controller, which harmonizes a phase plane switching control (PPSC) algorithm,
conventional PID controller and the adaptabilities of neural network, is newly proposed in this study. In order to realize
satisfactory control performance, Magneto-Rheological Brake (MRB) is equipped to the joint of the manipulator. The
experiments were carried out in practical PAM manipulator and the effectiveness of the newly proposed control
algorithm was demonstrated through experiments, which proved that the stability of the manipulator could be improved
greatly in a high gain control without regard to the change of external inertia loads.

KEY WORDS

Pneumatic Artificial Muscle, Magneto-Rheological Brake, Phase Plane Switching Control, Neural Network

1. INTRODUCTION

The PAM is undoubtedly the most promising artificial
muscle for the actuation of new types of rehabilitation
therapy robots. However, the air compressibility and the
lack of damping ability of the PAM actuator bring the
dynamic delay of the pressure response and cause the
oscillatory motion. Therefore, it is not easy to realize
the performance of transient response with high speed
and with respect to various external inertia loads in
order to realize a HFTR. The limitations of PAM
manipulator have promoted research into a number of
control strategies, such as an adaptive controller [2],
sliding mode control [2], fuzzy PD+I learning control
[3], robust control [4], feedback linearization control [5],
and so on. Though these systems were successful in

addressing smooth actuator motion in response to step
inputs, the manipulator must be controlled slowly in
order to get stable, accurate position control and the
external inertia loads were also assumed to be constant
or slowly varying. Therefore, intelligent control
techniques have emerged to overcome some
deficiencies in conventional control methods in dealing
with complex real-world systems. An intelligent using a
neuro-fuzzy controller [6], a hybrid using fuzzy and
neural network [7] and a learning vector quantization
neural network [8] were proposed. However these
control algorithms were not yet to reconcile both
damping and response speed in high gain control.
To overcome these problems, Electro Rheological Fluid
(ERF) Damper has been applied to the PAM
manipulator [9]. The results show that the ERF damper



is one of effective methods to develop a practically
available HFTR by using the PAM manipulator.
However, some limitations still exist, such as the
damping torque was not tuned adaptively and ERF
require extremely high control voltage (kV), works in
narrow range of temperature and high nonlinearity.
Thus, the goal of this paper is to implement a MRB, to
develop a fast, accurate position control system by
intelligent PPSC using neural network which will tune
the damping torque adaptively and without regard for
the changes of external inertia loads. The experiments
were carried out in practical PAM manipulator and the
effectiveness of the newly proposed control algorithm
with an intelligent PPSC using MRB was demonstrated
through experiments.

2. EXPERIMENTAL SETUP

2.1 Experimental apparatus
The schematic diagram of the PAM manipulator is
shown in Fig. 1. The hardware includes an IBM
compatible PC (Pentium 1 GHz), which calculates the
control input, controls the proportional valve (FESTO,
MPYE-5-1/8HF-710 B) and MRB (LORD, MRB-2107-
3 Rotary Brake), through D/A board (Advantech, PCI
1720), and two PAM (FESTO, MAS-10-N-220-AA-
MCFK). The braking torque of MRB is controlled by
D/A broad through voltage to current converter, Wonder
Box Device Controller Kit (LORD, RD-3002-03). The
joint angle is detected by rotary encoder (METRONIX,
H40-8-3600ZO) and the air pressure into each chamber
is also measured by the pressure sensors (FESTO, SDE-
10-10) and fed back to the computer through 24-bit
digital counter board (Advantech, PCL 833) and A/D
board (Advantech, PCI 1711), respectively. The
external inertia load could be changed from 20[kg∙cm2]
to 200[kg∙cm2], which is a 1,000[%] change with
respect to the minimum inertia load condition The
experiments are conducted under the pressure of
0.4[MPa] and all control software is coded in C program
language. A photograph of the experimental apparatus is
shown in Fig 2.
2.2 Characteristics of MRB
Construction of MRB was shown in Fig. 3. The rotor in
Fig. 3 is fixed to the shaft, which can rotate in relation
to housing. Between rotor and housing there is a gap
filled with MRF. Braking torque of MRB can be
controlled by the electric current in its coil. An apparent
viscosity of MRF is changed at few milliseconds after
the application of a magnetic field, and goes back to the
normal viscosity with no magnetic field.
The following experiments are performed to investigate
the characteristics of MRB, which measurement data is
shown in Fig. 4. MRB is connected with a torque
transducer and a servomotor in series. In this
experiment, the rotational speed is changed from

100[rpm] to 1000[rpm] and the current applied for MRB
is changed from 0[A] to 1[A]. Figure 4 shows the
damping torque with respect to the change of the input
current (a) and rotational speed (b) of MRB. From Fig.
4, it is clear that the damping torque of MRB is
independent of rotational speed and almost proportional
to input current. Thus an equation (1) holds between the
inputs current I and damping torque Tb

bIaIfTb +== )( (1)
Here, a and b are constant.

Figure 1 Schematic diagram of PAM manipulator

Figure 2 Photograph of the experimental apparatus

3. CONTROL SYSTEM

3.1 Positioning control system
To control this PAM manipulator, a conventional PID
control algorithm was applied. The controller output at
sampling sequence k can be expressed as:
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where u(k), e(k) are the control input to the control
valve and the error between the desired set point and the
output of joint, respectively.
MRB is one of effective methods because of working in
only the regions where the acceleration or deceleration
is too high. The structure of the PPSC algorithm is
shown in Fig. 5.
Here, s is Laplace operator, Ta is torque produced by
manipulator, Tc is constant torque and KED determines a
gain for the torque proportional to the angular speedθ& ,
Vc is a control voltage of source calculated from Eq. (1)
to produce Tc. A direction of a damping torque is every
time opposite to the rotary direction of the arm. Eq. (3)
below indicates that the damper produces a torque Tb.

( ) )(θθ && signTKT cEDb +−= (3)

Fig. 4 Characteristics of MRB
3.2 PPSC algorithm
The damping torque Tb improves the damping
performance of the manipulator. In the region that the
joint angle of the arm approaches to the desired angle,
a~b, c~d in Fig. 6(a), the current is not applied not to
interfere the movement of the arm, since the high
response speed is required. In the region the arm passes
the desired angle, i.e. the diagonally shaded areas of b~c,
d~e in Fig. 6(a), a current is applied to improve the
damping performance to converge to the desired angle
quickly. To determine whether the magnetic field
should be applied or not, the phase plane shown in Fig.
6(b) is used. The horizontal axis in the phase plane
corresponds to joint angle deviation e between the
desired angle rθ and the joint angleθ, and the vertical
axis corresponds to the derivation of the
deviation θ&& −=e . Each point a ~ e on the phase plane
corresponds to each point a ~ e in Fig. 6(a). Here, the
regions with the application of current are controlled by
h, the gradient of the line, which is shown in Fig. 6(b).

The region under the application of the damping torque
expands as |h| decrease.

Figure 5 Block diagram of PPSC

Figure 6 Concept of PPSC

Figure 7 Experimental results of PID controller

Figure 8 Experimental results of PPSC
3.3 Experimental results of PID and PPSC algorithm
Experiments were carried out with 3 cases of external
inertia loads (20, 60, 200[kg∙cm2]). Figure 7(a) showed
the experimental results of the PID controller where the
minimum external inertia load 20[kg∙cm2] was used
with the following 2 control parameters

610200 −×=pK 6101 −×=iK , 61070 −×=dK (PID

controller 1) and 6101000 −×=pK , 61010 −×=iK , 
610130 −×=dK (PID controller 2). It is obvious that it

is difficult to satisfy both the damping and response
speed. The manipulator must be controlled slowly in
order to have a good stability. On the contrast, the

Figure 3 Construction
of MRB
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overshoot and oscillation are always included if one
wants fast response. In addition, experimental result
with PID controller 2 was shown in Fig. 7(b) where the
external inertia loads change from 20[kg∙cm2] to 200
[kg∙cm2]. From these results, it was understood that the
system response became more oscillatory according to
the increase of the external inertia load and became
unstable with ten times bigger external inertia load with
respect to the minimum inertia load condition.
Next, the experiments were carried out in practical
PAM manipulator and the control parameters of the
PPSC algorithm, were set to be 20,4.0 −== hTc with
various EDK (KED=0.10, 0.015, 0.020) in experiment
with load 20[kg∙cm2] and 4.0,015.0 == cED TK with

various h (h=-10, -20, -50) in the experiment with load
60[kg∙cm2] in Fig. 8(a) and 8(b), respectively. These
parameters were obtained by trial-and-error through
experiments. From these experimental results, it is
understood that the settling time becomes very big in
some value of design parameters of switching controller.
To guarantee the control performance, the control
parameters must be tuned adaptively and we newly
proposed PPSC using neural network (PPSCNN), which
is explained in detail in next section.

4. PROPOSED PPSCNN

4.1 Structure of PPSCNN
It is obvious that the PPSC algorithm is limited because
the KED parameter is constant. This means that the
damping torque is not adaptable and optimal in any case.
Here, we propose a PPSCNN, which has the
adaptability of control parameter to minimize the error.
With the capacity of learning and adaptability of neural
network, the proposed controller can solve these
problems. The damping torque will be tuned adaptively
and optimally in order to minimize the position error
without respect to the variation of external inertia loads.
Figure 9 shows the structure of newly proposed
PPSCNN. In Fig. 9, the proportional gain KED was
modified by neural network. The block diagram of
neural network is shown in Fig. 10. Here KE(k), KED(k),
e(k), eD(k), x(k) and f(x) are the proportional gain, the
derivative gain, the system error between desired angle
output and output of joint of the PAM manipulator, the
difference of the system error, control input of MRB
and sigmoid function of neural network, respectively.
The sigmoid function, f(x), which has a nonlinear
relation is presented in the following equation:

)1(
)1(2)( Ygx

g

Ygx

eY
exf ⋅−

⋅−

+
−= (4)

where x is the input of sigmoid function and Yg is the
parameter determining its shape. Figure 11 shows the
shapes of sigmoid function with various Yg.

We have two-layered nonlinear neurons. Neural
networks are trained by the conventional back
propagation algorithm to minimize the system error
between the output of joint of the PAM manipulator and
desired angle. In Fig. 10, the input signal of the sigmoid
function in the output layer, x(k), becomes:
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)(krθ and )(kθ are desired angle and output of joint of
the PAM manipulator, respectively.
The damping torque of newly proposed PPSCNN can be
obtained as the following equation:

( )( )( ) ( )θ&signTkxfabskT cb += )()( (7)

where function ( )θ&sign is the sign of angular speed, and
function ( )( ))(kxfabs is the absolute value of the
output of neural network.
4.2 Learning algorithm of neural network
In order to get the optimal value of damping torque, the
control parameters EK and EDK must be adjusted
automatically in order to minimize the position error. To
tune EK and EDK , the steepest descent method using
the following equation was applied.
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where Eη and EDη are learning rates determining
convergence speed, and E(k) is the error defined  by the
following equation:
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Using the chain rule, we get the following equations:
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As done by Yamada and Yabuta [13], for convenience,
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kθ is assumed. Eq. (8) is expressed as follows:
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From Eq. (12), it is obvious that the damping torque will
be auto-tuned adaptively and optimally. However, from
the experimental results, it is understood that Yg is
difficult to determine in some cases. Thus, in case of
PPSCNN, the experimental results were shown in both
cases (with and without tune Yg). The shape function Yg
was auto-tuned by the following equation.
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Here,
gYη is learning rates determining convergence

speed of shape function.
The effectiveness of the newly proposed PPSCNN will
be demonstrated through experimental results with
various external inertia loads.

Figure 9 The structure of PPSCNN

Figure 10 The block diagram of neural network

Figure 11 The sigmoid function shapes
4.3 Experimental results
The initial control parameters of PPSCNN were set to
be 10,25.0 −== hTc

, ,010.0=EK 010.0=EDK 1=gY ,
810350 −×=Eη , 8101 −×=EDη and 3108 −×=

gYη . These

control parameters were obtained by trial-and-error
through experiments.
Figure 12 shows the comparison between the
conventional PID controller 2, the PPSC algorithm and
the proposed PPSCNN with respect to various external
loads. In the experiments, the joint angle of PAM
manipulator was in good agreement with that of

reference by using PPSC. With up to ten times bigger
external inertia load with respect to the minimum
external inertia load, a good control performance was
also obtained in this case. However, it has too large
settling time due to the fixed control parameter of PPSC.
It was found that a good control performance and strong
robustness were obtained without respect to the
variation of external inertia load, the overshoot was
almost reduced and the steady state error was reduced
within 0025.0± by using PPSCNN. It is clear that the
newly proposed controller using neural network with
auto-tuning shape function was very effective in any
case of external inertia loads.
The effectiveness of the newly proposed PPSCNN was
shown in detail in Fig. 13 with respect to various
external inertia loads. From these figures, it is
understood that the damping torque was not applied for
fast response when the manipulator started to move and
the damping torque was generated by MRB to the
rotational axis of PAM manipulator in order to reduce
the overshoot and oscillation when the manipulator
reaches the desired angle. In addition, during the
experiments of the PAM manipulator, the control
parameters EK , EDK and the shape function of neural
network, Yg, were tuned adaptively by neural network to
minimize the position error. Indeed in the experiment, it
is difficult to get an optimal value of Yg. But with newly
proposed intelligent control algorithm, the shape
function of neural network will be tuned adaptively and
optimally in any case of load condition. And the
damping torque was applied and released frequently
according to the approach to the desired angle.

5. CONCLUSION

A novel intelligent PPSC using MRB is newly proposed
and applied to the PAM manipulator in this study. In
order to reconcile both damping and response speed in
high gain control, a MRB had joint to the manipulator,
which damping torque will be tuned adaptively and
optimally by the capacity of learning and adaptability of
neural network with auto-tuning shape function. 
From the experimental results, it was verified that the
newly proposed control algorithm presented in this
study was very effective in high gain control, good
control performance, fast response and strong robust
stability with respect to the 1,000% change of external
inertia loads and the steady state error with respect to
various loads was reduced within 0025.0± .
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Figure 12 Comparison between PID controller 2, PPSC
and PPSCNN with various external inertia loads
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Figure 13 Experimental results of the newly proposed
PPSCNN with various loads
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ABSTRACT 
 

In care activity or rescue activity, hands that can grasp creatures are sometimes needed. Therefore, it is considered that 
the soft mechanism that uses pneumatic elements is useful to realize such hands. In this paper, we propose a new type of 
soft actuator (Sponge-Core-Soft Rubber Actuator) in which a sponge rubber is covered with silicon rubber. The 
structure of the sponge rubber is divided into two types. One is single-layer type and the other is two-layer type (a flat 
type and a clipping type). In order to clarify the differences in characteristics of each actuator, we examine the basic 
characteristics of the actuators. Further, the control performances of both position and force are studied to realize a 
hybrid element. From some experimental results, the control performance of the two layers type actuator is illustrated. 
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NOMENCLATURE 
 

F: Output force,  
Fr: Desired force 
Fr: Desired Force 
KP, KI, K: Gain 
P: Inner Pressure in the Actuator 
P0: Initial Pressure in the Actuator 
Pr: Desired Pressure 
V: Input Voltage to Valve 
V0: Neutral Voltage 

 
         

INTRODUCTION 
 

Recently, many types of robots have been used in 
factory automation. Since these robots usually grasp 
hard material objects in these tasks, the robot hand has a 
mechanical structure. However, when the robot grasps a 
soft material object such as foods and creatures, the 
hand needs a force sensor to control the grasping force. 
In this case, it takes much time and effort to control the 
grasping force. 
Therefore, when the hand grasps the soft material object, 
it is considered that a pneumatic element that is used at 
the grasping parts is useful to realize a flexible hand by 



making use of pneumatic compressibility. Further, by 
pressure measurement in the element, it is possible to 
estimate the external force. As a result, there is no need 
to use a force sensor to measure the external force. 
Moreover, by controlling the inner pressure of the 
pneumatic element, the shape of the grasping part can 
be changed. 
That is to say, by making use of pneumatic components, 
it is possible to realize a hybrid element that has both a 
position control function and a force control function. 
Therefore, an actuator that has both active elements 
(position control and force control) and passive 
elements(compressibility) can be used to develop a soft 
mechanical interface between a robot hand and an 
object. Thus, since pneumatic actuators have flexibility 
because of compressibility of air[1], it is considered that 
pneumatic systems are very useful to realize the above 
soft mechanical system. In order to realize the system, 
some kinds of pneumatic actuator such as Flexible 
Micro Actuator[2] and Rubber Actuator have been 
proposed in literature. However, when these actuators 
are burst by some accidents, the rapid deformation of 
the actuator is caused by air release. As a results, user 
has some trouble in operating them. Therefore, in order 
to eliminate these problems, we propose a new type of 
pneumatic soft actuator in which a sponge rubber is 
covered with silicon rubber. 
In this paper, the structure of the actuator is explained in 
Section 2. Further, in Section 3, basic characteristics of 
the proposed element are clarified from some 
experimental results. Moreover, position and force 
control performances are examined in section 4. Finally, 
in Section 5, force sensing performance is illustrated.  

 
SOFT MECHANISM 

 
 In factory, many kinds of robots are used to operate 
many objects. At this time, when the robot hand 
operates a hard object as shown in Fig.1, the grasping 
force F is dependent on a weight of the grasping object. 
On the other hand, when the robot operates a soft 
material that is shown in Fig.1, the hand has to be 
realize a force control to operate the object. Further, 
since the shape of the object is changed by the grasping 
force, the tip of the hands part have to be moved to 
grasp the object. However, when the hand grasps a 
creature,  
 Moreover, Furthermore, in recent years, human 
support machines are needed. In this case, we have to 
investigate the structure of hand part that contacts with 
human body. So, in order to realize the hand mechanism 
with human compatibility, we propose a new type of 
pneumatic rubber actuator. As you know, by making use 
of both rubber elasticity and pneumatic compressibility, 
the actuator can realize a passive motion. Moreover, the 
pneumatic actuator is easy to control generation force 
by adjusting the inner pressure of the actuator. Thus, the 

actuator can be used as an active element that is 
constructed with position and force control. So, in this 
study, we propose a new type of hybrid element by 
using pneumatic power. 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.1 Mechanical Hand 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.2 Soft Mechanical Hand 
 
 
 

SPONGE-CORE-SOFT RUBBER 
ACTUATOR[3]~[8] 

 
Structure of Actuator 
In order to develop a soft mechanism actuator whose 
inherent stiffness is controllable, we apply pneumatic 
system to the actuator. The structure of the actuator is 
shown in Fig.3. The actuator is constructed with two 
materials. One is a silicon rubber and the other is 
sponge rubber. Furthermore, since the sponge is coated 
with silicon rubber, air can be charged into the sponge 
chamber. In this study, the number of sponge layer is 
two. As this time, the actuator expands when air is 
charged into the sponge chamber. 



The actuator has sponge layer inside the silicon rubber. 
Therefore, when the actuator is made to burst by some 
accidents, the sponge material can support the object by 
its inherent stiffness. As the results, the actuator can 
ensure safe operation. 
Furthermore, in order to improve the two layers type 
actuator, a clipping type actuator is proposed. The 
structure of the sponge is shown in Fig.4. In Fig.4, the 
two layers type actuator is divided into four 
structures(Type1 (Standard Type), Type2(Clipping 
Type), Type3(Outer Coat One Layer Type) and 
Type4(Outer Coat One Layer and Clipping Type)). 
  
Experimental Setup 
We investigate dynamics of the actuator when air is 
charged into the sponge chamber. In the experiment, 
two types of sponge are used. One is ECZ type whose 
density is 16±1.5kg/m3 and the other is EMM type 
whose density is 52±3 kg/m3. The size of the actuator 
is 80*80*20mm. The experimental set up is shown in 
Fig.5. The pressure in the sponge chamber is measured 
by a pressure transducer. Further, we use a laser sensor 
to measure the displacement of the actuator.  

                                        

Pressurized  State 

     
 

Two Layers Structure  
 

 
   (b-1) Initial State   (b-2) Pressurized State 

 
Fig.3 Schematic View of Pneumatic Sponge-Core-Soft 

Rubber Actuator 
 
 

 
 (a) Type1    (b) Type2     (c) Type3   (d) Type4 

Fig.4 Structure of Sponge Plate 
 

 
FORCE CONTROL PERFORMANCE 

Step Response 
In this section, we consider force control performance 
of the actuator with respect to each sponge type as 
shown in Fig.4. At first, we investigate the step response 
of force control. In the experiment, each type sponge 
structure (Type1-Type4) is investigated with respect to 
each sponge material (ECZ and EMM).  
In the experiment, hierarchical feedback control 
scheme[9] is applied to the force control of the actuator. 
The control equations are as follows. Thus, at the first 
step, the desired pressure is derived from Eq(1). And 
input volt to the valve is calculated from Eq(2). 

( ) ( )dtFFrKFFrKPr IP ∫ −+−=          (1)  

( )PPrKVV −+= 0                       (2) 

 
The experimental results are shown in Fig.6. From the 
results, it is considered that the response time is slow 
because of both low pressure level and rubber elastic 
force. Further, settling time and steady state error of 
each sponge type are shown in Table 1 and Table 2. In 
this experiment, the desired force is 5[N].  
 

 

Fig.5 Experimental Setup 
 

 
 
 
 
 
  
  
 

      (a) ECZ             (b) EMM 
 

Fig.6 Experimental Results of Force Control 
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Table1 Settling Time         Table2 Steady State Error 

(unit:[s])                 (unit:10-3×[N]) 

 ECZ EMM  ECZ EMM
Type1 2.16 2.61 Type1 1.96 5.35
Type2 2.23 2.25 Type2 3.64 1.47
Type3 2.14 2.11 Type3 0.51 2.89
Type4 2.90 2.92

 
 
 
 Type4 4.05 3.43

 
 
 
 
 
 

(a) f=0.1Hz            (b) f=2.0Hz 

Fig.7 Experimental Results of Frequency Response 
with Force Control (ECZ-Type3) 

 
From experimental results, it is seen that the result of 
Type3 (Sponge material is ECZ) is much better than the 
other types. Further, in the case of Type3, it is 
considered that the deformation of the element is easier  
than the case of Type1 because of their structure. 
Frequency Response 
In order to ascertain the frequency characteristics of the 
actuator, we measure the output force as a function of 
the sinusoid pressure fluctuation. The sample response 
of the experimental result with respect to Type3(ECZ) is 
shown in Fig.7. 
 

 
(a) ECZ 

 
(b) EMM 

Fig.8 Bode Diagram 

 
Furthermore, the Bode diagram with [F/Fr] is shown in 
Fig.8. 
From these experimental results, it is cleared that with 
respect to the ECZ, there is almost no difference 
between each sponge structure (Type1 – Type4). On the 
other hand, in the case of EMM the gains of Type3 and 
Type4 are much larger than that of Type1 and Type2. 
Furthermore, when we use Type3 and Type4, it is better 
to use these sponge types in the high frequency region 
(over 1Hz). As a result, it is cleared that Type3 is useful 
to realize a good performance of force control from the 
result of both step pressure and frequency response. 
 

FORCE SENSING PERFORMANCE 
Force Estimation 
To understand the performance of external force 
estimation we use the Type3 sponge structure as shown 
in Fig.4. Here, the sponge material is ECZ and the size 
of the actuator is 80*80*20mm. The experimental setup 
is shown in Fig.9. In the experiment, an initial pressure 
P0 is charged into the actuator. Next, a force sensor is 
attached to the plate on the element(Actuator) under the 
condition that the actuator is sealed up. At this time, we 
measure both inner pressure and compression force of 
the force sensor. The relation between the pressure in 
the actuator and force with respect to each initial 
pressure is shown in Fig.10. In the experiment, the 
initial pressure is increased from 0 to 9kPa. From the 
experimental result, an external force estimation 
equation is derived as follows. 
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Here, F is an external force. 
In order to indicate the usefulness of the Eq.(3), we 
measure the pressure in the actuator under the condition 
that a mass is placed on the plate of the element. At this 
time, the external force is calculated from Eq.(3). The 
result of external force estimation is shown in Fig.11. 
Here, the initial pressure is 6kPa. From this result, it is 
clear that the average error is 0.44N and maximum error 
is 1.03N. Thus, the estimation equation is useful to 
estimate external forces. 
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Fig .9 Experimental Setup 

 

 
Fig.10 Experimental Result of Force Measurement 

 

 

Fig.11 Experimental Result of External Estimation 
Force 

 
CONCLUSIONS 

 
In this paper, we have proposed a new type of hybrid 
element by using sponge-core-soft rubber actuator in 
which a sponge rubber is covered with silicon rubber in 
order to realize a soft mechanism of a hand. Through 
several experimental results, the force control 
characteristics of the proposed element were clarified. 
Furthermore, we verified the external force estimation 
capability of the element.  
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ABSTRACT 
 

 Recently, virtual reality systems that feed back to human senses have only been realized as visual and acoustic 
feedback.  However, they are not enough to realize the force feedback system for hands, arms, legs and so on.  The 
actuators required for such a system need to be flexible so as not to injure the body.  The purpose of our study is to 
develop a flexible and lightweight actuator which can be safe enough to be attached to the human body.  We propose 
new types of flexible pneumatic actuator that can be used even if the actuator is deformed by external force. In this 
study, we tested rodless type flexible pneumatic cylinders that have a self holding function for positioning under the 
condition of no supply pressure.  We also developed a new type of McKibben artificial muscle that has a long stroke of 
more than 80 % of its original length.  As a result of our experiment, we can confirm that the tested cylinder is useful 
to be applied in a positioning system because it consumes less air under the condition of holding.  By using the tested 
Mckibben actuator, we can realize a long stroke lifting motion of a dumbbell whose mass is 6 kg. 
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INTRODUCTION 
 

Virtual reality has been flourishing as an interactive 
information technology.  Recently, virtual reality 
systems that feed back to human senses have only been 
realized as visual and acoustic feedback.  However, 
they are not enough to realize the force feedback system 
for hands, arms, legs and so on.  Furthermore, due to 
the ageing in Japanese society and the decreasing 
birthrate, an important problem of providing nursing 
care for the elderly has occurred.  As a result, it is 

necessary to develop systems to aid in nursing care[1].  
The actuators required in such a feedback control 
system, as for power assisted nursing care of the elderly, 
need to be flexible so as not to injure the body.  The 
purpose of our study is to develop a flexible and 
lightweight actuator which can be safe enough to be 
attached to the human body.  We had proposed and 
tested new types of flexible pneumatic actuators that can 
be used even if the actuator is deformed by external 
force[2][3].  
In this study, we investigate the friction in a rodless type 



flexible pneumatic cylinder proposed in our previous 
studies[4][5]. We also aim to develop a new type of 
McKibben artificial muscle that has a long stroke of 
more than 80 % of its original length.   
 

RODLESS TYPE FLEXIBLE PNEUMATIC 
CYLINDER 

 
Construction and operating principle 
Figure 1 (a) and (b) show the construction of two types 
of rodless flexible pneumatic cylinders.  We call the 
former, as shown in Fig.1(a), a  “Double type” and call 
the latter a “Single type”.  The double type cylinder 
consists of a flexible tube as a cylinder and gasket, two 
steel balls as a cylinder head and a slide stage that can 
slide along the outside of the tube.  The slide stage has 
two rollers set on the inner bore of the stage in order to 
press and deform the tube toward the center of the tube.  
The construction of the single type cylinder as shown in 
Fig.1(b) is similar to that of the double type.  The 
single type cylinder uses one steel ball as a cylinder 
head.  The steel ball is held by two pairs of brass 
rollers from both side of the ball.  Compared with the 
double type, we aim to decrease the friction of the 
cylinder by decreasing the contact area between the 
inner ball and inner wall of the tube. 
The operating principles of both cylinders are as follows.  
When the supply pressure is applied to one side of the 
cylinder, the cylinder head (inner steel balls) are pushed.  
At the same time, the balls push rollers and move the 
slide stage while they deform the tubes.  In the double 
type, the two balls of the cylinder head are not 
connected to each other, that is, each ball can move 
independently.  Therefore, the balls can move along 
the curved tube in the same manner as a straight tube. 
 

          (a)Double type       (b)Single type 
Fig.1 Construction of rodless type flexible pneumatic cylinder 

 
 

Minimum driving pressure for actuation 
Figure 2 (a) and (b) show results of minimum pressure 
for actuation of double and single type cylinder using 
various center distances D and W (as shown in Fig.1) 
between the two pairs of rollers as a design parameter.  
In case of the double type cylinder, as shown in Fig. 
2(a), we investigated the relation between the center 
distance D and minimum pressure of the cylinder.  In 

case of the single type cylinder, as shown in Fig.2(b), 
we investigated the relation between the center distance 
W and minimum pressure using optimal value of 
distance D of 14.4 or 14.6 mm that can be obtained 
from Fig.2(a).  Vertical lines show the scatter in 
measured values.  From Fig. 2(a), we can see that the 
cylinder using a distance D of 14.6 mm and an inner 
steel ball with a diameter of 9.0 mm shows the lowest 
driving pressure of 130 kPa.  From Fig. 2(b), it can be 
seen that the minimum driving pressure of the single 
type cylinder is gradually approaching the constant 
value of 120 kPa in the case using the center diameter W 
of more than 10 mm.  It can be seen that the lowest 
driving pressure of the cylinder is 120 kPa.  We can 
reduce about 7.8 % of the friction compared with the 
double type of cylinder. 
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Fig.2 Minimum driving pressure of rodless type flexible 
pneumatic cylinder 

 
 
Frictional characteristics 
In order to investigate frictional characteristics for 
actuation of the tested cylinders, we measured the 
pulling force when we gave a motion to the slide stage 
of the cylinder at constant speed.  Figure 3(a) and (b) 
show the relation between moving speed of the slide 
stage and frictional force of the double type and single 
type cylinder, respectively.  In Fig.3, each symbol 
▲and ● shows the experimental results under the 
condition when supplied pressure of 500 kPa is applied 
or not to the both side of cylinder chambers.  In the 
case using double type cylinder as shown in Fig.3(a), 
we can see that the frictional force under the condition 
of no supply pressure is about 1.4 times as large as the 
case when supply pressure of 500 kPa is applied to the 
cylinder.  On the other hand, in the case using the 
single type cylinder, it can be seen that the frictional 
force when supply pressure is applied to the cylinder 
becomes larger than the results with no supply pressure.   
We think that it is caused by following reason:  In the 
case of double type cylinder, the frictional force 
depends on the contact area between inner steel balls 
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and inner wall of cylinder tube.  When supply pressure 
is applied to the cylinder, the cylinder tube expands and 
the contact area between the inner balls and the tube 
decreases.  Then it makes the friction decrease.  On 
the other hand, in the case of single type cylinder, the 
contact area between an inner steel ball and the tube 
depends on an arrangement of two pairs of brass rollers 
and the inner steel ball.  When the cylinder tube 
expands with supply pressure of 500 kPa, the contact 
area between brass rollers and outer bore of the tube 
increases.  So, it makes the friction increase.  As a 
result mentioned above, we can conclude as follows.  
The double type cylinder has an advantage that it is 
possible to hold more easily the slide stage at a certain 
position than in the case using an ordinary pneumatic 
cylinder on the market, because the tested cylinder has a 
feature that the frictional force of the cylinder without 
input pressure is higher than the case when supply 
pressure is applied.  This means that the tested cylinder 
has a “self holding function” for positioning under the 
condition of no supply pressure.  This is one of 
important merits of this cylinder. 
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Fig.3 Frictional characteristics of rodless type  
flexible pneumatic cylinder 

 
 

MCKIBBEN ACTUATOR WITH ADJUSTABLE 
STROKE 

 
Construction and operating principle 
The tested flexible pneumatic cylinder has some merits 
such as long stroke pushing and pulling motion, high 
speed motion of more than 1 m/s and self holding 
function for positioning.  However, the generated force 
of the cylinder, that is about 15 N with supplied 
pressure of 500 kPa, is not so enough to apply a force 

feedback system for human.  Therefore, we should 
consider to increase the generated force of the flexible 
actuator.  A McKibben artificial muscle has been 
flourishing as a flexible and wearable actuator because 
of its simple configuration, flexible property and 
lightweight.  Usually, McKibben artificial muscles can 
generate larger force compared with their weight.  
However, the actuator can not act a long stroke motion 
such as more than 25 % of their original length.  Then, 
we aim to develop a new type of flexible actuator by 
combining the rodless type flexible pneumatic cylinder 
and McKibben artificial muscles.  Figure 4 shows the 
construction of the tested actuator.  It consists of an 
ordinal McKibben artificial muscle that is made of a 
silicone rubber tube coated with nylon mesh and a slide 
stage that can slide along the outside of the tube.  The 
slide stage has two rollers with outer diameter of 8 mm 
set on the inner bore of the stage in order to press the 
tube toward the center of the tube.  A chamber of 
McKibben artificial muscle is divided into two 
chambers by using the slide stage.  The rollers in the 
stage and rubber tube keep the seal even if supply 
pressure is applied to both chambers.  Figure 5 shows 
the operating process of the tested actuator.  The 
operating principle of the actuator is as follows.  The 
slide stage is fixed.  When a free end of the actuator 
(we call it “A side” for short) as shown in Fig.5②is 
pressurized, the actuator generates smaller pulling force 
than the case using a usual McKibben actuator.  Then, 
the tube length of the opposite side (we call it “B side” 
for short) of the actuator becomes shorter by pulling 
force.  In this condition, we add to pressurize “B side” 
of the actuator as shown in Fig.5③.  “B side” of the 
actuator works as same as a usual McKibben actuator.  
Therefore, it can generate larger force than the case when 
we pressurize only to “A side” of the actuator.  After 
exhausting the air in the B side of chamber, this causes the 
loosing between the slide stage and the B side of tube end.  
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Fig.4 Construction of the Mckibben actuator with 

adjustable stroke 
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Fig.5 Operating principle of tested Mckibben actuator 

 
 
By repeating these operations (①→②→③→②→③
…) , we can adjust the stroke of the tested actuator 
statically.  It means that the tested McKibben actuator 
can work a long stroke pulling motion under the 
condition when there is sliding friction between an 
object connected with the actuator and the table. 
 
Generated force of tested actuator 
Figure 6 shows the relation between supplied pressure 
in “A” or “B” side of chamber and generated force of 
the tested actuator.  In the experiment, we use the 
tested actuator with a whole length of 500 mm without 
connectors and changed the ratio of lengths between 
“A” and “B” side of tubes every 100 mm.  The results 
as shown in Fig.6 include two types of experimental 
results.  One is the generated force when we only 
pressurized “A side” of the actuator.  The other is the 
case when we added to apply supply pressure to “B 
side” of the actuator under condition when “A side” is 
pressurized at 400 kPa.  In Fig.6, each symbol shows 
the results using various combinations of lengths of “A” 
and “B” side of the actuator.  Each input pressure into 
“B side” of chamber for each experimental condition is 
given until a leakage occurs between “A” and “B” side 
chamber.  From the left side in Fig.6, we can see that 
each relation between input pressure and generated 
force when we apply the pressure to “A side” is almost 
same even if the length of “A side” of the actuator is 
changed.  Maximum generated force in this case is 
about 21 N.  From the right side in Fig.6, it can be seen 
that the generated force becomes larger than the case 
when “A side” of chamber is pressurized only.  The 
maximum generated force in this case is about 5 times 
as large as the previous case; that is about 110 N.  This 
value is almost the same as the case using a usual 
McKibben actuator.  We can see that the generated 
force increases according to length of “B side” of the 
actuator even if we give a same input pressure.  It 
means that the tested actuator has same characteristics 
of a usual McKibben actuator that can generate larger 
force according to the tube length of the actuator.  In 
the experiment, we found a leakage between two 

chambers of the actuator when supply pressure becomes 
larger.  The leakage is generated as follows.  When 
supply pressure in two chambers becomes larger, the 
rubber tube expands.  Then the thickness of the tube 
becomes smaller.  It generates the leakage between two 
chambers at the point of slide stage.  Therefore, the 
maximum generated force depends on the sealing 
characteristics of the actuator.  We think that it is 
possible to increase the generated force of the actuator 
by improving the construction of the slide stage and 
rubber tube so as to keep the seal for higher input 
pressure.  
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Fig.6 Experimental results of tested McKibben actuator 
 
 
LONG STROKE MCKIBBEN TYPE ACTUATOR 

 
Construction and operating principle  
The tested McKibben actuator mentioned above can act 
a long stroke motion by changing the length of the tube 
connected with the load statically.  However, the tested 
actuator could not realize a long stroke motion under the 
condition of constant load.  Therefore, we proposed 
and tested a new type of McKibben actuator that can 
work continuously in a long stroke motion.  Figure 7 
shows a construction of a long stroke McKibben type 
actuator and experimental equipment for measuring the 
generated force of the actuator.  The actuator consists  
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Fig.7 Construction of long stroke McKibben type 
  actuator and its experimental equipment 



of two McKibben actuators with adjustable stroke that 
both actuators are arranged parallel with distance of 25 mm.  
Each end of two actuators is connected with an 
aluminum plate.  One end of the actuator can move 
freely; that is a free end.  The other is connected with a 
load or a digital force sensor (IMADA Co.Ltd. 
DSP-100).  The slide stage and the force sensor are 
fixed on the table. 
The operating process of the long stroke motion using 
tested actuator is shown in Fig.8.  We call the upper 
side chambers of stage “A side”. Each a left and right 
chamber located under the stage is called “B side” and 
“C side”, respectively.  The operating principle of the 
actuator is as follows.  One end of the actuator (“B 
side” and “C side”) connected with a load that was set 
toward the ground.  The other (“A side”) located on 
upper side of the fixed stage.  First, we apply constant 
supply pressure to “A side” of chambers.  At the point 
of the fixed stage, the “A side” of tubes generate a small 
pulling force toward the upper side as shown in Fig.8②.  
By expanding of “A side” of tubes, the tubes are hard to 
pull down toward “B and C” side even if a larger 
downward pulling force is applied to the tubes.  It is 
caused that “A side” of tubes function as a stopper at the 
point of narrow clearance between two rollers.  In the 
condition, when we pressurize “C side” of chamber, “C 
side” of tube works as a McKibben artificial muscle and 
generates larger upward force.  Then the distance 
between the stage and the lower side end connecter 
becomes a little shorter, an axial deflection in “B side” 
of tube is produced as shown in Fig.8③.  At the same 
time, “B side” of tube is pulled into the slide stage by 
pulling force generated in “A side” of tubes and 
stretched tightly between the stage and connecter.  In 
the same manner as the previous one, when the 
pressurized chamber is changed from “C side” to “B  
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Fig.8 Operating principle of long stroke McKibben type 

actuator 

side”, the distance between the stage and the end 
connector becomes shorter while the actuator holds a 
lifting force of the load as shown in Fig.8④. By repeating 
these operations (②→③→④→③→④…) , the actuator 
can realize a continuous lifting motion with a long 
stroke of more than 80 % of its original length even if it 
is under the condition of the constant load such as a 
gravity.  And we can control the position of the load by 
adjusting the number of repetitions of these operations 
(③→④→③→④…). 
 
Experimental results of long stroke lifting motion 
Figure 9 shows the view of a long stroke lifting motion 
using the tested actuator.  In Fig.9, each figure shows 
the state of the actuator with time.  The number of left 
end in each figure shows the time from the beginning of 
the moving.  In the experiment, the actuator is set in 
the vertical position and the slide stage is fixed on a 
pole.  The lower end of the actuator is connected with 
a stainless dumbbell whose mass is 6 kg.  The length 
of the actuator without inlets and connectors is about 
500 mm.  The operation of the actuator is done as 
follows.  First, “A side” of chamber is pressurized with 
supply pressure of 400 kPa as shown in Fig.9①.  Then, 
we give supply pressure of 400 kPa to “B and C side” of 
tube alternately every 1 second through two on/off 
control valves (Koganei Co.Ltd. G010HE).  It can be 
seen that the tested actuator can realize the long stroke 
lifting motion of about 400 mm for 9.4 seconds while 
the free end connector moves as an oscillating motion.  
From Fig.9③and ⑤, we can confirm that it is hard to 
pull down the tubes under condition of pressurized in 
upper chambers even if the axial deflection in a lower 
side of tube is produced. By exchanging the pressurized 
chambers and the procedure of operation in the actuator, 
the actuator can move toward opposite direction, 
because the moving direction of the actuator depends on 
its operation, it does not depend on the direction of the 
load. 
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⑥⑤④

⑨⑧⑦

0s 0.9s 2.0s

2.9s 4.5s 5.8s

7.0s 7.9s 9.3s  
Fig.9 View of a long stroke lifting motion using tested 

actuator 



Generated force of tested actuator 
In the same manner of the McKibben actuator with 
adjustable stroke, we investigate the relation between 
the input pressure and the generated force of the long 
stroke McKibben type actuator.  Figure 10 shows the 
relation between supply pressure in “A side” or “B” and 
“C” side of chamber and generated force of the tested 
actuator.  The experimental conditions for measuring 
the generated force are almost the same as the case 
using the McKibben actuator with adjustable stroke.  
As a point of difference from the previous experiments, 
we gave the same supply pressure to both “B” and “C” 
side of chambers in measurement.  In Fig.10, each 
symbol shows the results using various combinations of 
lengths of “A”, “B” and “C” side parts of the actuator.  
From Fig.10, we can see that the relation between the 
input pressure and generated force of the actuator is 
similar to previous results as shown in Fig.6 such as an 
increasing tendency of generated force when we apply 
the pressure to both side (A, B and C side) of chambers.  
It can be seen that the maximum generated force using 
the tested actuator is about 2 times as large as previous 
one, that is about 220 N, because two adjustable 
actuators were used in the actuator.  As a result, we can 
confirm that the maximum generated force of the 
actuator depends on the sealing characteristics, because 
the generated force of a McKibben actuator becomes 
larger according to supply pressure.  Therefore, it is 
possible to develop the actuator that can generate higher 
force by changing the configuration of the slide stage 
and material of the rubber tube and coating. 
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Fig.10 Experimental results of long stroke McKibben 

type actuator 
 

 
CONCLUSIONS 

 
This study aiming at the development a new type of 
McKibben artificial muscle and investigation about the 
friction characteristics of the single and double type 

rodless flexible pneumatic cylinder can be summarized 
as follows: 
1) As a result using the single type cylinder, we found 

that the frictional force increases according to input 
pressure. We conclude that it is caused that the 
contact area between rollers and the tube increases 
according to expansion of tube for supply pressure. 

2) In case of double type cylinder, we found that the 
frictional force with no input is about 1.4 times as 
large as the case when supply pressure of 500 kPa is 
applied because of decreasing the contact area 
between the inner steel balls and tube according to 
input pressure.  As a result, we can confirm that the 
tested cylinder has a self holding function for 
positioning under the condition of no supply pressure. 

3) We proposed and tested the McKibben actuator with 
adjustable stroke that is combinied the rodless type 
flexible pneumatic cylinder and a usual McKibben 
artificial muscle.  As a result of experiment, we 
found that the maximum generated force is about 110 
N, and this limit depends on the sealing 
characteristics of the actuator. 

4) We proposed and tested the long stroke McKibben 
type actuator that has a parallel arrangement of two 
McKibben actuators with adjustable stroke.  As a 
result, the tested actuator can realize a long stroke 
lifting motion, such as more than 80 % of its original 
length, of a dumbbell whose mass is 6 kg. 

Finally, we express our thanks that a part of this 
research was supported by Okayama Prefecture 
Industrial Promotion Foundation in Japan. 
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ABSTRACT

　 In order to realize an assist of independent life for people in need of care and relieve a physical burden
for care worker, an active support splint driven by pneumatic soft actuator (ASSIST) to support a human
arm has been developed. ASSIST is constructed with the appliance and the rotary-type soft actuator. Since
a weight and hardness of device involve a danger of causing a serious accident for users or neighbors, this
device is constructed with components which are a lightweight and have a mechanical softness. In this paper,
the structure of developed device is described, and then the control method based on the center of pressure
is proposed. Finally, the assist eãectiveness using the proposed control method is experimentally discussed.

KEY WORDS

Soft mechanism , Soft actuator , Pneumatic rubber muscle , Wearable robot

INTRODUCTION

Owing to a growth of advanced age society, it is
predicted that a ratio of an elderly in a population
will increase from current 20[%] to 36[%] in 2060[1].
In addition, an increase in a people in need of care is
also predicted. Actually, a ratio of people in need of
care in an elder population which was 10[%] in 2000
had increased to 15[%] in 2003[1]. Thus a decrease
in a young people who engages in a care worker and
an increase in an elderly in need of care have become
serious problem in Japan.
However, 30% elderlies in all ones in need of care

have slight symptoms, then they can live indepen-
dently if disabled physical functions are assisted.
From above reasons, many kinds of power assist de-
vice have been developed [2,3]. 3DOF robotic ex-
oskeleton [2] of a çoor type device can eãectively
assist a human upper limb according to an enough

generated force. A wearable robotic orthosis[3] can
support a working motion for a muscular weak hu-
man even if it is constructed with simple elements
such as a spring-dumper system. However, a com-
patibleness of a weight, size and a function, a hard-
ness of components are technical issues to improve
an operationality and a human friendliness for pre-
venting a serious accident for the users or neighbors.
On the other hand, ASSIST[4] shown in Fig.1 has
a high human friendliness according to constructing
with a pneumatic soft actuator which has a çexibil-
ity of a material, a power source and a high power
weight ratio. It is the main advantage for the med-
ical or the welfare application that the developed
device has a çexibility due to not only the pow-
er source but also the body of actuator. However,
the developed ASSIST has to solve a technical is-
sue about controlling a device based on a human
intention to improve a maneuverability. In this pa-



Fig.1: ASSIST to support a wrist

per, ASSIST extended an assisting part to a human
elbow is described. In addition, a control method
based on a human intention is proposed. Finally, a
eãectiveness of ASSIST operated on the proposed
method is experimentally evaluated.

STRUCTURE OF ASSIST

Fig.2 shows the outlook and the structure of AS-
SIST.

(a)Outlook

(b)Structure

Fig.2: ASSIST to support an arm

ASSIST is constructed with an appliance made
by forming a plastic used as an interface between
an actuators and a human body. The joint are put
for restricting the movable angle of ASSIST under
an average maximum bending angle of a Japanese
male. In this section, the structure and the charac-
teristics of components are discussed.
The rotary-type soft actuator for an elbow con-

sists of a rubber tube and a polyester bellows as
shown in Fig.3(a). The outer and inner diameters
and length of rubber tube are 20, 14, 290[mm], re-
spectively as shown in Fig.3(b). Both ends of rubber
tube are plugged by polyurethanes with diameter
14[mm] and length 100[mm]. The outer diameter of
polyester bellows are 40[mm] as shown in Fig.3(c).
The bellows is reinforced with a åber along the ax-
ial direction as shown in the ågure. Depending on
the reinforcement, when the compressed air is sup-
plied into the actuator, the actuator expands to the
circumferential direction as shown in Fig.4 .

(a)Section of actuator

(b)Rubber tube

(c)Fiber bellows

Fig.3: Rotary-type soft actuator

Fig.5 shows the fundamental characteristics of
actuator. Fig.5(a) shows the relation between inner
pressure and bending angle under unloaded condi-
tion. Fig.5(b) shows the relation between bending
angle and generated torque. The torque is calcu-
lated from the generated force of actuator åxed at
each angle as shown in Fig.6 when the maximum
pressure is determined 500[kPa] in considering with-
standing pressure of the actuator.
Fig.7 shows the torque characteristic of ASSIST



(a) Initial state

(b) Pressurized state

Fig.4: Outlook of rotary-type soft actuator

when two actuators are put in the forearm appli-
ance. A mass of a forearm and a palm of male is
about 2.5[kg][5]. A center of gravity of them is as-
sumed to locate on a center of a forearm[6], about
2.8[Nm] per one actuator is required to keep a pos-
ture of a forearm horizontally. From the results,
the torque of ASSIST to keep a posture and to lift
a load about 4[kg] can be obtained in the movable
angle.

OPERATION BASED ON

HUMAN INTENTION

Two tactile soft sensor is put in the appliance as
shown in Fig.8 to detect the contact force between
the appliance and the forearm. Fig.9 shows the
structure of developed sensor. Developed sensor is
made by two vinyl chloride sheets and sponge as
shown in Fig.9(a). An extent of an oblique line in
Fig.9(b) represents a welded part. When the exter-
nal force is applied to the sensor, the inner pres-
sure is increased according to the decrease in the
inner volume. By detecting the inner pressure, the
external force can be detected. Fig.10 shows the
fundamental characteristic of the developed sensor.
When the forearm bends as shown in Fig.11, the

angle between the appliance and the forearm in-
creases or decreases by éíi. According to éíi, the
center of pressure between the appliance and the
forearm is changed on y axes shown in Fig.12. The

(a) P -éí

(b) éí-úmax
Fig.5: Fundamental characteristics of actuator

Fig.6: Experimental condition

origin is the middle point between the centers of the
sensor. A center of pressure ya is calculated as:

ya =
l(F1 Ä F2)
2(F1 + F2)

(1)

Fig.7: Torque characteristic of ASSIST



Fig.8: Arrangement of tactile soft sensor

(a) Structure (b) Shape

Fig.9: Structure of tactile soft sensor

F1; F2 represent the detected forces by tactile soft
sensors, l is the distance between the center of the
sensors. In this device, l is 150[mm].
Fig.13 shows a block diagram of a control system

based on the center of pressure. In the ågure, yini is
the initial center of pressure, P;Pr are the measured
and reference inner pressure. Pmin is the pressure
to abolish the dead zone of the actuator. í;ír; éíi
are the bending angle of ASSIST, the bending angle

Fig.10: Characteristic of tactile soft sensor

Fig.11: Principle of operation

Fig.12: Detection of center of pressure

of the elbow, the angle between the appliance and
the forearm.
In case the bending angle of ASSIST ídoes not

follow ír intended by a human, the angle between
the appliance and the forearm increases or decreases
by éíi as compared with the initial state. Then, let
the center of pressure is ya when éíi is produced,
the diãerence éy between yini and ya can be re-
garded as the parameter of the bending angle er-
ror According to controlling the inner pressure P
of the actuator by the reference one Pr obtained
from Pmin and the output of PI controller éP for
the input éy, ASSIST can follow the movement of
the forearm without measuring íand ír. The inner
pressure is controlled by the çow control type ser-
vo valve (FESTO MPYE-5-1/8 LF-010B) and the
pressure sensor (COPAL PA-500-502G).



Fig.13: Control system

EXPERIMENT

・DETECTION PRECISION

The center of pressure is measured to verify a
detection precision. In the experiment, an acrylic
plate (Width 50[mm], Length 200[mm], Thickness
3[mm]) is put on the tactile soft sensors attached to
the appliance as shown in Fig.14. A force is applied
to the acrylic plate at distance of 20[mm], and the
applied force is 10[N].
Fig.15 shows the experimental result. From the

ågure, since the center of pressure can be detect-
ed exactly, it is expected that ASSIST can be con-
trolled using the center of the pressure.

Fig.14: Experimental equipment

・FUNDAMENTAL EXPERIMENT

Fig.16 shows the experimental result when the
subjects bends the forearm stepwise and sinusoidal-
ly to verify the proposed control method. In the
step motion, in order to conårm that ASSIST can
be stopped at an intended angle, the subject who e-
quips with ASSIST increases or decreases the bend-
ing angle of the forearm at intervals of 10[s]. The
forearm is bended with 4[s] period in the sinusoidal
motion. The bending angle of the elbowír is changed
stepwise and sinusoidally, even though it is desirable
that éí is 0, the reference pressure Pr can be ob-
tained according to change of éías shown in ågures.

Fig.15: Detection precision of center of pressure

These results mean that the actuator can change the
bending angle depending on the change of ír.
From the above, ASSIST can be operated by us-

ing the proposed control method. The eãectiveness
of ASSIST operated by the proposed method is dis-
cussed in the following. In this experiment, a sub-
ject bends an elbow under the load 3[kg] put on the
forearm as shown in Fig.17(a). ASSIST is put the
load on the forearm appliance as shown in Fig.17(b).
Fig.18 shows the results. EMG signal is measured
at a biceps muscle of the upper arm. Since the mag-
nitude of EMG is decreased, a human who equip-
s with ASSIST can bend the forearm by the less
muscular force as compared with a human without
ASSIST.

CONCLUSION

The movement of the forearm can be detected by
introducing the center of pressure calculated from
the tactile soft sensor. Therefore, ASSIST can be
operated by the movement of the forearm as the
human intention input signal. In adition, when the
human forearm lifts a load, ASSIST operated by the
proposed method is eãective to realize the power
assist based on a human intention.



(a) Step motion

(b) Sinusoidal motion
Fig.16: Experimental results
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ABSTRACT 
 
The main objective of this research is to demonstrate experimentally the feasibility of teleoperating a hydraulic system 
over Internet in real time. The teleoperation is based on the client/server architecture. Time delay caused by Internet is 
the main problem of the teleoperation system. After discussing the characteristic of uncertain time delay and the format 
of communication protocol, this paper introduces a control algorithm with prediction. Combining with the characteristic 
of time delay and TCP/IP protocol, this method can compensate the time delay existing in forward and feedback path. 
Moreover, the operator can operate transparently the master just as operating the remote object. A hydraulic master 
slave system is developed as a test rig and experimental results verify the feasibility of the compensator. 
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Teleoperation, Impedance, Time delay, Master slave, Fluid power 
 
 
 

NOMENCLATURE 
 

B : viscous coefficient (Ns/m) 
Fm : operating force of the operator on the master (N) 
Fs : contact force of the slave (N) 
K : stiffness (N/m) 
M : inertia (kg) 
t : time (s) 
U : actuator-driving force (N) 
V : (reference) velocity (m/s) 
Z : impedance (Ns/m) 
 
Subscripts 
e : object 
m : master 
o : target 
s : slave 

1 INTRODUCTION 
 

The main purpose of teleoperation system is to extend 
the distance between an operator and an object. If an 
operator can operate a remote object smoothly, it will 
become reality that an experiential doctor conducts a 
telesurgery, or an engineer telecontrols a robot to work 
in some dangerous place, etc. For these significant 
aspects, many researchers have focused their attentions 
on the related works [1], and presented several 
examples of successful control over Internet in both 
theory and application. Anderson and Spong proposed a 
control law for Master-slave system with any 
non-varying time-delay based on passivity and 
scattering theory for the first time [2]. Adriana Vilchis 
presented a slave robot in new architecture for 
tele-echographic examination [3]. Tachi reported the 
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master slave system by telexistence with advanced 
presence [4]. 
 
 
 
 

 
Figure 1 A master slave teleoperation system  

over Internet 
 
A simplified sketch of this research is given in figure 1. 
The master slave teleoperation system takes on the 
precise job to operate a remote object over Internet. The 
slave consists of a hydraulic robot. Because the 
utilization of hydraulic actuators is attractive in several 
situations, due to their standard, safety and high load 
capacity, as well as their reliable performance. 
Hydraulic systems are, however, complex and nonlinear 
which may pose problems when applying control laws. 
For example, the fact that oil is compressible under high 
pressure, along with high load inertia may reduce the 
natural frequency. Furthermore, the performance of 
hydraulic valves is highly sensitive to payload. Finally, 
external and internal leakage, Coulomb friction, fluid 
flow dead band all result in parameters change of the 
system. These practical considerations make the 
successful implementation of control strategies rather 
difficult. Moreover, the hydraulic system is teleoperated. 
In this research, we will integrate an internal 
closed-loop position control on cylinder of hydraulic 
system with a much higher frequency than the external 
open-loop control. The teleoperation system aims at 
making the operator teleoperate the hydraulic system 
with high transparency. 
 
2 A MASTER SLAVE TELEOPERATION SYSTEM 
 
2.1 The Bilateral Impedance Control Method 
A teleoperation system consists of a master, a slave, an 
operator and an object. In order to make equations 
derivation more intuitive [5], one degree of freedom 
(DOF) teleoperation system is considered. Before the 
Internet is introduced, there is no time delay in the 
communication. Assuming that the slave may not depart 
from the object, the dynamics of the master and the 
slave are modeled as follows in the form of impedance:  
 

mmmm VsZUF )(=−        (1) 

ssss VsZFU )(=−        (2) 
 
where 
 

s
K

BsMsZ m
mmm ++=)(       (3) 

s
K

BsMsZ s
sss ++=)(       (4) 

If the internal control input of master Um = Fs and Vs = 
Vm = Vo is assumed, the system block diagram of 
impedance control becomes figure 2. The input and 
output relation between the master and the slave is 
expressed with the Eq. (5) and (6).  

Internet ObjectMaster
Fm

Fs

Slave
Fs

Vm Vs

Vm )( 2ttFs ∆−

)( 1ttVm ∆−

 
 
 
 
 
 

 
 
 

 
Figure 2 Schematic diagram of impedance  

control method 
 

oosm VsZFF )(=−        (5) 

ooss VsZFU )(=−        (6) 
 

Here, the slave follows the master at the same speed. If 
target impedance is set small enough, then )(sZ o

sm FF = can be obtained. This indicates that the operator 
can operate the object transparently.  
 
2.2 The Control Technique over Internet 
This research aims at realization of teleoperation of the 
master and the slave over Internet. The control block 
diagram is shown in figure 3, and the following Eq. (7) 
and Eq. (8) can be obtained from figure 3. 
 
 
 
 
 
 
 
 
 
 
 

Figure 3 Schematic diagram of impedance control 
method over Internet 

 
mosm VsZttFF )()( 2 =∆−−        (7) 

)()( 1ttVsZFU moss ∆−=−       (8) 
 

The forward time delay of a communication course is 
shown as 1t∆ , and the backward time delay of a course 
is shown as 2t∆ . Therefore, it is different from the ideal 
Eq. (5) and (6) in the case of real time. 
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3 EXPERIMENT SETUP 
 

In this paper, experiment setup of the teleoperation 
system over Internet is depicted in figure 4. 
The teleoperation system allows the operator to operate 
the master handle in one degree of freedom (DOF) in a 
line of 10cm with a maximum force of 200N. The 
master controller gathers force from the operator and 
then transmits it to the slave controller continuously 
every 10ms. The slave robot is consisted of a hydraulic 
system. Measured force from the object is also 
transmitted every 10 ms to the master controller. 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
Figure 4 Schematic diagram of experiment setup 

 
An external open-loop position-force control integrated 
with an internal closed-loop position control on cylinder 
of hydraulic system was implemented.  
 

4 INTERNET 
 

4.1 Characteristic of Time Delay 
Considering the reliability and credibility of network [6, 
7], TCP/IP protocol is adopted in this paper. 
Figure 5 (a) is one example of the results of 
Internet-induced time delay between Kitagawa lab in 
Tokyo of Japan and Beijing of China. From figure 5 (a) 
(b), the Internet-induced time delay and its uncertainty 
is clear. In almost all of receiving time, packets are 
dropped off completely. 
  
4.2 Format of Datagram 
The teleoperation is based on the client/server 
architecture. Figure 6 shows the format of 
communication datagram. The unit of datagram is byte. 
In the forward path, master controller writes control 
signal and timestamp into datagram. On the other hand, 
in the feedback path, slave controller writes feedback 
signal, timestamp that remote computer received, and 
timestamp that remote computer send into datagram.  
 
 

4.3 Simulation about Internet 
To make results more convictive, we use the same time 
delay pattern with every result in this paper. However, 
time delay is uncertainly changing in the real 
communication process because of Internet routing or 
congestion etc. Therefore, we simulate Internet as figure 
1 by making the time delay between the master and 
slave the same as typical data of time delay over 
Internet. The front part with 10s in a set of typical data 
with 30s is shown in figure 5. 
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Figure 5 Internet-induced time delay between  
Tokyo and Beijing 

 
 
 
 
 

Sequence number Control signal Feedback signal Timestamp sent by local computer

Timestamp received by remote computer Timestamp sent  by remote computer

Figure 6 Format of communication datagram 
 

5 EXPERIMENT RESULTS WITHOUT 
PREDICTITION 

 
In this paper, the parameters are set as followings. 
 

0],Ns/m[4.0],kg[05.0 === ooo KBM     
]N/m[1500,0,0 === eee KBM  

 
Here, we just take a spring as the object. 
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5.1 Experiment Result without Internet 
In the case of direct communication between the master 
and the slave, the signal is transmitted as figure 7. The 
experimental result by the setup in figure 4 without 
Internet is shown in figure 8. Figure 8 (a) describes 
displacements of the master and the slave. In the figures 
of displacement in this paper, "master" expresses the 
displacement Xm of the master and "slave" expresses the 
displacement Xs of the slave, or the displacement of the 
object. The figure shows that the slave robot follows the 
master well.  

 
 

 
 
 

Figure 7 A master slave system without Internet 
 
Figure 8 (b) shows force of the master and the slave. In 
the figure of force in this paper, "master" expresses the 
force Fm applied by the operator, and "slave" expresses 
the reaction force Fs from the object. The figure shows 
that the force from the operator and the reaction force 
from an object are almost the same. Therefore, it shows 
that the master slave system works well in figure 8. 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8 The result without Internet 
 
5.2 Experiment Result over Internet 
If the signal is transmitted over Internet as figure 1 and 
figure 3, the experiment result is shown as figure 9. 
Figure 9 (a) indicates that system becomes unstable, but 
the slave still follows the master well. 
Figure 9 (b) shows that the system becomes unstable 
and operator cannot continue operation any more. 
Because of the existence of 1t∆ and  in Eq. (7) and 
(8), the diffrence of force between master and slave 
becomes larger and larger. This is the reason why the 

system becomes unstable and it is impossible for the 
operator to operate the object over Internet. Due to time 
delay from Internet, the teleoperation system even 
cannot retain stability. Therefore, some special 
compensator is necessary. 

2t∆
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Figure 9 The result over Internet 
 

6 DYNAMIC PREDICTOR 
 
6.1 Teleoperation with Predictor 
The analysis above indicates that Internet-induced time 
delay is changing uncertainly. Thus, compensator 
should compensate the changes of Internet-induced time 
delay, to ensure the dynamic characteristic and stability 
of system. In this paper, we utilize the prediction control 
theory, which corrects an object model in the master 
side with history information, and schematic block 
diagram of the system is shown as figure 10. Where, 

sF is the reaction force from the object model. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 10 The schematic diagram of prediction control 

 
6.2 Dynamic Principle of Prediction 
The operator teleoperates an object by a master slave 
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system over Internet. For system stability, this research 
compensates suitably by designing a dynamic predictor. 
The strategy exploits a particular kind of linear plant 
model called the ‘controlled autoregressive integrated 
moving average’ (CARIMA) model 
 

1
11

1
)()1()()()(
−

−−

−
+−=

q
ttuqBtyqA ξ        (9) 

 
Where A(q-1) and B(q-1) are polynomials of degrees na 
and nb in the backward shift operator q-1 and )(tξ  is an 
uncorrelated random noise, u(t) and y(t) represent the 
input and the output, respectively. Since the noise filter, 
represented by the last term in Eq. (9), has a pole at z =1, 
a nonzero mean disturbance is produced in the 
CARIMA model. 
As the primary of this research, we assume that the 
object persist one parameter of its rigidity, or its 
viscosity, e.g. viscosity. Here introduces b(t) as the 
spring constant, and the j-step ahead prediction of b(t) 
and Fs(t), i.e. , , are obtained from Eq. 10 and 
Eq. 11. 
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Where n1 is the minimum output horizon and n2 is the 
maximum output horizon. The objective of predictive 
control law is to determine future control signals, based 
on future predicted plant outputs and a given sequence 
of future set points. Because 30 steps is a little further, 
to reduce the calculation, we define n1 and n2 as below. 
From the time delay, we define n1 as the last one of Fs(t) 
that we have gotten. Because of the sliding-window 
protocol of TCP, and the characteristic of figure 5, so we 
define n2 as (n1+50).  
Moreover, we use the following cost function: 
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If is bigger than the threshold value, it 
indicates that predicted  is too different from F

),( 21 nnJ
)(ˆ tFs s(t). 

In this situation, the slave cannot follow the master, so 
the system will be obliged to stop to avoid danger. 
 
6.3 The result with Prediction 
The result with prediction is given in figure 11. 
Compared with the figure 8 (a), figure 11 (a) shows 
although there is time delay in displacements between 
the master and the slave, the system has become stable. 

This figure shows that the slave robot follows the 
master well. Compared with figure 8 (b) , figure 11 (b) 
shows although there is time delay in force between the 
master and the slave, the force from the operator and the 
force to the object are almost the same. It just means 
that operator can operate remote hydraulic system 
transparently. 
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Figure 11 The result over Internet with  
dynamic compensator  

 
As the result of the experiment, figure 12-figure 14 
shows the force of the operator. Without Internet, figure 
12 shows that the master system is in so good situation 
that the force of the operator is nearly the same as the 
object reaction force in the operation process. The 
difference of two cures depends on the master dynamic 
characteristic, and nonlinear hydraulic systems, which is 
not objective of this research. However, under 
communicating over Internet without compensator, 
figure 13 shows that operator cannot feel the object as a 
spring any more. With prediction, figure 14 shows that 
operator move the master over Internet, just like moving 
object directly. 
 

7 CONCLUSIONS 
 

This paper presented a research on teleoperation of a 
hydraulic robot with time delay over Internet. After 
describing the control mechanism of master slave 
system, the characteristic of uncertain time delay caused 
by Internet, and the format of communication protocol 
are discussed. Another emphasis is the designation of 
the compensator to solve the instability caused by 
time-delay. The control algorithm on line with 
prediction brought out in this paper can guarantee the 
stability of the system effectively. Moreover, this paper 
demonstrated experimentally the feasibility of operating 
the remote object by the hydraulic setup over Internet in 
real time. 
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Figure 12 Force of the operator without Internet 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 

 
Figure 13 Force of the operator over Internet  

without predictor 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 14 Force of the operator over Internet  
with predictor 
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ABSTRACT 
 

At present, biped robots are designed having motors on each joint. But human have actuators that span two joints, and 
the antagonistic pair actuator drives two joints at the same time. In these days, the effects of this study that is source of 
fast motor such as jump or running are investigated on Body moment study and Biology. This study shows the basic 
principle and the driving mechanism of the new actuator, called bilateral servo system developed in our laboratory, 
having the bi-articular operation to adjust a biped robot, and characteristics of the actuator that driving joint. As for 
those characteristics, this paper expresses the bilateral servo system and the robot that use the actuators.   

 
 

Keyword 
 

bilateral servo, rotary actuator, bi-articular muscle, biped robot 
 
 
 

NOMENCLATURE 
 
Fm : Force of master 
Fs : Force of slave 
Ama : Section area of master 

(Master cylinder, Bottom side) 
Amb : Section area of master 

(Master cylinder, Rod side) 
Asa : Section area of slave 

(Slave cylinder, Bottom side) 
Asb : Section area of slave 

(Slave cylinder, Rod side) 
P1 : Pressure of bottom side 
P2 : Pressure of rod side 
 

INTRODUCTION 
 
Biped robots have a long history. In Japan, it has 
began since 1970s．In 1983, Prof. Kato in Waseda 
University developed a robot that can walk by itself. 
WL-10 has achieved reliable walking with reliability.  
At present, many robots have achieved movement 
walking with ZMP (Zero Moment Point) control 
systems. In 1993, they attached upper body on the 
robot developed without  it, and learning control 
which stability standard is ZMP has learned, at a 
simultaneous period, the study that makes amends for 
tree axis moment by the upper body. 
And then, from 1996 a biped robot has known as a 
realistic thing like P2 introduced by HONDA. The 
posture control of those intelligent biped robots has 
one motor on each joint, and past system consists of 



cooperative control of each joint. We have created a 
bi-articular actuator that is a bilateral servo system, 
and systematized posture and force. And as we 
reproduced antagonistic operating, the robot gets 
rapid movement and peculiar operation to animals 
with tedium. 
About the peculiar operation of animals, Van Ingen 
Schenau’s group reported that bi-articular muscles are 
power source and operation that takes energy generate 
from sgemure of limbs. By same group, at winter 
Olympic in1998, it is known that many athletes who 
bi-articular muscles flourished. 
N.Hogan reported that bi-articular muscles took part 
much in setting and tracks of stiffness in work 
coordinate system. And Kumamoto verified this 
concept with analysis and robot-arm. In a word, 
bi-articular actuators are not only human mechanism 
but also effective means of control problems of robots 
that have operation with tedium. 
When muscles of living things are divided roughly, it 
becomes mono-articular muscles and bi-articular 
muscles as shown Figure .1. Especially, bi-articular 
muscles could drive two joint by itself. As for the 
actuators, animals could operate rapidly and stably. 
By the way, as shown Figure .1, hamstring and rectus 
femoris in large thigh are bi-articular muscles that 
span between hip joint and knee joint. And then, 
gastrocnemial in under thigh is bi-articular muscle 
that span between knee joint and foot joint. 
The characteristics of humans and animal’s motion 
control are summarized as follows. 
1) Basically, it is fussy, but can operate smooth, quick 
and rapid with open loop. 
2) Motions such as running or walking are cotrolled in 
spinal cord level, and it is the sending part of 
cooperation motion.  
 

THE MECHANISM OF POWERED LOWER LIMBS 
OPERATION SIMULATION WITH VISUAL NASTRAN 

    
The bi-articular actuator drawn with CATIA was 
linked with a Visual Nastran for operation simulation 
(Figure 2). Here, as a source of driving, movement 
type actuator soon is installed between two piston 
heads. The relation between force and velocity is 
made linear for simplification and we operated 
simulation. Figure 3.1 shows the specification of the 
actuator. The result is shown in Figure 3.2, 3.3. 
 

THE CONTROL SYSTEM OF BI-ARTICULAR 
MUSCLE TYPE ACTUATOR 

    
The control system is shown in Figure 4. The device 
needs to read signals from a pressure sensor and a 
potentiometer for 
each feedback. The control unit with analog to digital 
conversion machine can read amplified signals. 

 
 
 
 
 
 
 
 
 

Figure .1 Mechanism of bi-articular muscle 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

   Figure .2 Link of CATIA assembly model 
and Visual Nastran 

 
 
 
 
 
 
 
 
 
 

    
    
    

Figure 3.1 Specification of actuator 
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The PWM control system can drive motors and 
open-shut solenoid valves, and the device can drive 
both one and two joints. 
 
BI-ARTICULAR ACTUATOR COMPOSED ON 

BILATERAL SERVO SYSTEM 
 

Figure 5 shows the bilateral servo system that can 
reproduce operation of a bi-articular muscle. This 
mechanism consists of master cylinder with a single 
rod and a slave cylinder with double rods united by 
tube in parallel. The master cylinder consists of a 
rotation - straight-line conversion mechanism and a 
motor. This master cylinder has three pressure sensors 
and three potential meters. And then, the slave has an 
operation of bi-articular muscle, and it can drive two 
joints with switch of electromagnetic valve. 
The thrust of master cylinder’s rod，and we define the 
slave cylinedr’s thrust as Fm，Fs, 

21 PAPAF mbmam ⋅−⋅=  

21 PAPAF sbsas ⋅−⋅=  

m
ma

sa
s F

A
AF ⋅=  

Basically, the slave cylinder is driven by motor that 
set on the master cylinder. The thrust is generated by 
ratio of sections because of incompressible fluid in 
cylinders. So the torque and speed of the slave 
cylinder is described by deference of section. Table1 
shows that relationship.  
 
Table1 The relationship of ratio of sections and valuesTable1 The relationship of ratio of sections and valuesTable1 The relationship of ratio of sections and valuesTable1 The relationship of ratio of sections and values    

Ratio of section Transmission force Stroke 

Am1<Am2 F1<F2 X>Y 

Am1=Am2 F1=F2 X=Y 

Am1>Am2 F1>F2 X<Y 

 
OPERATION CHARACTERISTICS WITH OPEN LOOP 

CONTROL 
 

Figure .7 shows the device developed in our lab. 
And Figure 8 is the operation chart. The slave 
cylinder is set on hamstrings for re production of 
operation of bi-articular muscle. Therefore, this device 
can drive two joints at same time.    
Diameters of master and slave are 50, 30 respectively.    
Measurements of potentiometers and change values    

of pressure at two joints driving simultaneously are 
shown in Figure 8. A is a center part change value of 
pressure of the slave, B is the position of master, C is 
the bottom change value of pressure of the bottom of 

    
    
    
    
    
    
    

    
    
    
    
    
    

Figure 3.2 Length curve of actuator 

    
    
    
    
    
    
    
    

 
 
 
 
 
 

Figure 3.3 Actuator torque curve 

 
Figure .4 Bi-articular muscle actuator 

control method(1CH) 
 
 
 

Po
si

tio
n 

(m
) 

Time(S) 

Time(S) 

Fo
rc

e(
N

) 

Significant point from  
the knee joint to the hip joint 

（1） 
（2） 

（3） 



the slave, D is the position of bottom of slave, E is the 
position of the upper position of the slave, F is the 
change value of the pressure of the upper position of 
slave.  
The effects shows that we get linear and stability 
operation with open loop control. And then, it is 
possible to control presser and potential with that 
characteristic. 
If there is no feedback signal, we can drive motor on 
master and get stability operation.  
Figure .6 shows driving of the actuator. 
 

OPERATION EXPERIMENT BY POSITIONAL 
FEEDBACK CONTROL 

 
We need to verify if the actuator can operate 
repeatedly with feedback signal or not for adjusting to 
biped robot. The operation way is to be converted 
displacement of slave cylinder, and then, when the 
value reach purpose values that set in PC, the valve 
switch.  Figure 9 shows the effect. Figure .6 says that 
it is possible to be adjusted the actuator to robot’s 
walking.  
 

CONTROL SYSTEM OF ROTARY TYPE ACTUATOR 

In general, motors are used on industrial-use robot’s 
joints in rotary operation. In this study, we have 
designed a rotary type bilateral servo system. 
Figure .10 shows the rotary type bilateral servo 
system developed in our laboratory. 

The rotary type actuator exchanges the slave cylinder 
of bi-articular muscle type actuator for the rotary 
actuator. Rotary actuator of old model couldn’t keep 
arbitrarily control position. With this mechanism, it is 
possible to control position as for the antagonistic 
operation. And then, this actuator doesn’t need power 
amplifier as for the difference of pressure on inside, so 
it is easier mechanism and lighter weight 

 

 

 
 

 
 
 
 
 
Figure 5 Bi-articular actuator composed on bilateral 

servo system 

 
 

 
 
 
 
 
 
 
 

Figure .6 Driving way of the actuator 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure .7 Device of experimentation 

Figure 8 Measurement of potentiometers and 
change values of pressure 
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EXPERIMENT OF THE ROTARY TYPE 
BILATERAL SERVO SYSTEM 

Position-feedback experiment 

We have had a load test of bilateral servo system. The 
device of the experiments is shown in Figure 11. 

The experiment results are shown in Figure 12, 
13(horizontal, vertical). 

The result shows that the line with 12kgf has a little 
overshoot and height of retentively. 

Pressure-feedback experiment 
The device of the experiments is shown in Figure 11. 
The experiment results are shown in Figure 14, 
15(horizontal, vertical). 
The result shows that change of the line is extremely 
few with minute pressure changes. 
And then, table2 compares weight with torque of this 
rotary actuator and General motor's 
 

Biped robot and the Element technologies 
 

On this study, we drew a draft of a robot that had an 
operation of bi-articular muscle at fast. Because of 
using this actuator, the robot can move not only one 
joint but also two joints at the same time. And the 
robot has freedom of degree enough, two DOF on hip 
joint, one DOF on knee joint, two DOF on ankle joint 
to walk straight. And the foot is designed that has two 
toes with load cells and heel to reproduce a foot 
bottom bow cap and to stand on those three points. 
This mechanism is to adjust to ruggedness 
geographical features for controlling posture. And 
then, toes can operate originally to produce floor 
reaction force. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9 Measurements of potentiometer and change 
values pressure 

 
 
 
 
 
 
 
 
 
 
 

Figure 10 Rotary type bilateral servo system 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure .11 The device of experiments 
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Figure 12. Experiment result of position feedback 
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CONCLUSION 
 
Generally, a biped robot has one actuator at each joint. 
We suggested the robot which one actuator moves 
joints of the both ends of a femur like human muscles. 
And the robot has rotary bilateral servo actuators at 
the hip joint and the ankle. The rotary actuator of the 
hip joint is used for the lateral elevation. 
In this paper, the basic motions of those actuators 
were confirmed by simulation and experiment. Those 
results are as follows. 
The smooth motion and the kick motion needed for 
walking of the robot were conduced by simulation 
and experiment of actuators imitating human 
bi-articular muscles, called as bi-articular muscle 
actuator. 
(1) We confirmed that the rotary actuator for 
oscillating movement has slight pressure fluctuation 
by simulation and experiment of its basic motion.  
(2) And we compared our rotary actuator to 
commercial rotary actuators and d higher positioning 
accuracy than commercial actuators. 
(3) All actuators are bilateral servo system, and the 
power-assisting function by the control of position 
and force became possible. 
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Figure .13 Experiment result of position feedback 
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Figure .14 Experiment result of pressure feedback 

(horizontal) 
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Figure .15 Experiment result of pressure feedback 
(vertical) 

Table2Table2Table2Table2    characteristicscharacteristicscharacteristicscharacteristics table of swing type bilateral  table of swing type bilateral  table of swing type bilateral  table of swing type bilateral 
servo servo servo servo     

Mechanical part Single Behn type rotary 
actuator AC Motor（200W） 

The maximum 
of movable area 270° － 

Official torque 66.35 N・cm  
（6.77kgf･cm） 

59.0 N・cm  

（6.01 kgf･cm） 
Weight 72g 3200 g 

 
 

Figure 16 Appearance of the robot 
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Abstract

Nowadays, the breast cancer, over ahead of stomach one, holds the highest cancer incidence rate among Japanese
women. Detection of breast cancer is done by palpation diagnosis, which require doctor to have highly experi-
enced technique. In this study, we develop a palpation simulator which forms a woman’s actual breast model
holding active controlled variable stiffness property. A pneumatic parallel manipulator is employed as mechan-
ical part of our simulator. In order to display a concrete stiffness feeling to human (doctor), control strategy is
proposed where the contact point is detected using an idea of graphical intersection test. A reference stiffness
is realized by constructing a compliance control system. By regulating the reference stiffness value according to
the contact point, a palpation motion is executed. The validity of the proposed palpation system are confirmed
through some experiments and analysis.

KEYWORDS
Palpation simulator, Pneumatic servo system, Parallel Manipulator

INTRODUCTION

Among the Japanese women, The disease rate of
breast cancer became the most highest one, over
ahead of that of stomach cancer[1]. However, if the
cancer is identified as it is still just a part of breast,
the existence rate is reported to be 92 %, which shows
the importance of early detection simultaneously.

Detection of breast cancer is implemented by both
palpation diagnosis and Mammography (X-ray pho-
tograph of breast). Palpation motion requires for doc-
tor to have a highly skilled technique. From a view of
medical education, there is strong need for palpation
simulator and some equipment using robot technol-
ogy or VR one are being developed[2][3].

In this study, we aim at developing a palpation sim-
ulator which has a actual breast model to be touched

by human in natural manner. In the mean while, im-
portance of self diagnosis is also pointed out. Our
simulator can be also used as a reference model of
women’s self diagnosis.

In order to realize such an palpation simulator, 3-D
breast model holding a spatially different stiffness on
its surface is required. Actually, some palpation sim-
ulators has already come onto the market, but they
don’t have function to adjust position or magnitude
of stiffness as we will.

In this study, a pneumatic parallel manipulator is
introduced to sustain a 3-D breast model. Parallel
manipulator has a feature of multiple d.o.f. for its
compactness and it enables minute force regulation
property owing to the air compressibility. A contact
point is detected using an idea of graphical intersec-



Figure 1: Developed Palpation Simulator

Figure 2: Breast shape model

tion test and the reference compliance is realized by
constructing a compliance control system on the par-
allel manipulator.

The validity of the proposed palpation equipment
are confirmed through some experiments.

Developed Palpation Simulator

Outline of Simulator

Fig.1 shows the developed palpation simulator. A
3-D breast model is attached with a upper plat-
form of a pneumatic parallel manipulator via 6 axis
force/moment sensor. Human(doctor or woman)
pushes or trace any point of the model as shown in
the figure and feels spatially different stiffness, which
is realized by a parallel manipulator.

Fig.2 shows the manufactured breast shape model
designed using 3-D modeling software and manufac-
tured by 3-D modeling machine with the material of
chemical wood.

Pneumatic Parallel Manipulator

Fig.3 (a) shows the developed pneumatic parallel ma-
nipulator works as compliance displaying mechanism.

The position/orientation of the upper platform is
expressed by a hand vector h = [x, y, z, φ, θ, ψ]T us-
ing roll-pitch-yaw angle notation. The origin of hand

(a) Pneumatic parallel manipulator
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Figure 3: Pneumatic parallel manipulator

coordinate frame h is set at a center point of up-
per platform(namely at center point of force/moment
sensor) when manipulator stands in a standard pos-
ture. Force/moment vector works at an origin of h is
defined as fm = [fx, fy, fz, τφ, τθ, τψ]T = [ft

T , τT ]T .
In the mean while, Fig.3(c) shows the pneumatic

driving circuit of one cylinder. A friction in a cylinder
makes compliance control performance worth. The
employed pneumatic cylinder(Airpel Co. Ltd., 9.3
mm in internal diameter, 50mm in rod stroke) is a
special made type ant its friction is negligible. Pres-
sure in each cylinder’s chamber, p1, p2 are detected
by pressure sensors and the displacement of piston
rod � is measured by wire type linear encoder. The
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A/D converter is of 12 bit resolution.
A control signal u calculated every sampling pe-

riod(5 ms) in a computer corresponds to an input
voltage of a pressure control valve through D/A con-
verter(resolution of 12 bit), which regulates the pres-
sure of head side chamber. The piston rod side cham-
ber is pressurized at constant pressure. Supply pres-
sure ps is set to be 400 kPa. Control algorithm is
implemented based on RT-Linux.

Detection of Contact point

Fig.4 shows the geometrical model of breast surface,
where contact force f is applied at a contact point
represented by position vector R = [x0, y0, z0]T .

As you see that, force vector f is simply derived
from the balance of translational force around the
origin of h as

f = f t (1)

As shown in Fig.4, position vector R can be de-
scribed using an arbitrary parameter λ as the follow-
ing equation[4].

R =
ft × τ

|ft|2 + λ
ft

|ft| (2)

Up to the former work, we assumed that the sur-
face of breast model could be expressed by numerical
formula and we obtained R by substituting Eq.2 into
that formula, therefore the shape of the breast model
is limited to be a simple geometric one like a spherical
shell[5].

In this study, a novel scheme to detect contact point
is proposed to eliminate the geometric limitation in
the former work based on an idea of graphical inter-
section test.

When we design a geometric breast model using
3-D CAD at a computer, an output file of “DXF

� �
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0

3DFACE
8
3

10 //...the 1st point x coordinate value
103.669060
20 // y coordinate value

0.211670
30 // z coordinate value
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11 //...the 2nd point x coordinate value

103.632797
21 // y coordinate value

0.000122
31 // z coordinate value

0.000008
12 //..the 3rd point x coordinate value

104.156570
.
.
.

� �
Figure 5: Sample of DXF file

file” is obtained, which is widely used as a standard
CAD data file. In this study, this DXF file is utilized
not only to manufacture the actual breast model at a
modeling machine but also to detect contact point.

DXF file is a text type one as shown in Fig.5 and
it contains position data of all polygon which form
the surface of a breast model. Begin with a phrase
of “3DFACE”, the x, y, z position of each vertex of
a polygon is described in the sequence and these
“3DFACE” notation blocks are described for all poly-
gons.

Therefore by repeating a trial of intersection test
between one polygon and a line vector shown as blue
dot line in Fig.4 for all prisons, contact point can be
detected[6].

COMPLIANCE DISPLAYING
SCHEME

Control system

Fig.6 shows the proposed position based compliance
control system[5]. The measured force/moment Fm

is fed back through a compliance matrix K−1 =
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Figure 6: Compliance control system

diag[K−1
x , K−1

y , K−1
z , 0, 0, 0]. The inner position con-

trol system is designed in order that the closed loop
transfer function may follow the 3rd order system
shown in Eq.(3).

H

Hd
= Gr = diag

{
C

s3 + As2 + Bs + C

}
(3)

The inner block with a doublet represents a force con-
trol system of generating force Fg based on distur-
bance observer, which works to lower the influence of
piston rod velocity that acts as disturbance on force
response as well as to make Fg to follow to the refer-
ence value with time constant Tpn[5].

EXPERIMENTAL RESULTS

Detection property of contact point

Fig.7 shows the result of contact point detection.
As shown in figure (a), small hollows are ar-
rayed on the surface of a breast model in a lat-
tice with 10 mm intervals and force is applied
at these hollows in normal direction for the sur-
face. Figure (b), (c), (d) show the detected contact
point for (x,y)=(40mm,60mm)(most closer to sen-
sor), (20mm,60mm) and (60mm,20mm)(most apart
from sensor), respectively. A force/moment sensor is
mounted at a position of (40mm,50mm). A large de-
tection error(maximum 2 mm in the case (d)) can be
confirmed as the contact point apart from the point
of a force/moment sensor. Improvement of detection
accuracy is under the current consideration.

The contact detection property for continuous fol-
lowing contact motion as shown in Fig.8 is also veri-
fied. Fig.9 shows the static pictures cut out with 0.1
s interval on OpenGL graphic screen, where a white
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Figure 7: static contact point detection

line shows the contact force vector. The state of con-
tinuous contact motion is well confirmed.

Compliance control property

First the basic compliance control property is verified.
Through actual measurement of breast stiffness of a
subject(woman,36 years old), the stiffness is obtained
to be about 0.03 N/mm on an average. It is said that
the stiffness of lump is as about 5 times stiff as that
of peripheral region of lump. Therefore we set the
reference stiffness of lump as 0.15 N/mm and that of
peripheral region as 0.03 N/mm.

Fig.10 shows the basic compliance control property,
where all of the stiffness Kx, Ky, Kz are set as equal



Figure 8: Continuous contact motion

Start → → →

→ → → →

→ → → Goal
Figure 9: Contact point detection for continuous mo-
tion

and a force is applied for the direction in order that
the displacement for all x, y, z axis may become al-
most equal. The minimum realizable stiffness was
0.01 N/mm as shown in Figure (a) and it is confirmed
that the stiffness can be regulated every 0.01 N/mm
from Figure (a), (b) and (c). By the way, a most pop-
ular force displaying device on the market, PHAN-
TOM Desktop, has a minimum realizable stiffness of
1.5 N/mm, which show that our palpation simulator
can display 1/150 times soft feature as that of this
market device. The reference stiffness of lump(0.15
N/mm) and that of peripheral one(0.03 N/mm) is
confirmed to be realized in the steady state. Hap-
pening of large stiffness at transient time is mainly
caused by a positioning response lag.

Fig.11 shows the compliance control property,
where reference stiffness is changed from 0.03 to 0.15
N/mm for several angular frequency. Until the stiff-
ness change with 0.5 Hz, almost the reference stiffness
can be realized, which corresponds to the case, for ex-
ample, that human can feel lump with 20mm diam-
eter of 0.15 N/mm stiffness by moving over by their
finger with velocity of 10mm/s as shown in figure (d).
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Figure 10: compliance control property (for static
state)
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Figure 11: compliance control property (for sinu-
soidal variation)

Fig.12 shows the recognition property of virtual
lump. A sphere with diameter of 20 mm as a lump
model is considered within the breast model and hu-
man traces over the lump by reciprocating motion in
parallel with x axis. The spatial position of finger is
obtained by the contact point of breast model and po-
sition/orientation of parallel manipulator. The figure
(a) and (b) correspond to the case of moving velocity
of 10 mm/s and 20 mm/s, respectively. In both fig-
ures, (i) shows the realized stiffness(red line) and (ii)
expresses the trajectory of finger tip. As mentioned
in the former experiment of Fig.11, almost satisfac-
tory recognition property can be confirmed for the
case of motion of 10 mm/s. However for the case of
smaller lump such as 10 mm diameter, which equiva-
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Figure 12: recognition of lump

lent to the case of (b)(20 mm diameter with 20 mm/s
motion), the recognition property is lowered. This is
mainly caused by a dynamics of inner position control
system and that control system is cased by pressure
response lag. Further improvement in the dynamic
recognition is under consideration.

CONCLUSION

In this study, we developed a mechanical equipment
to be applied as a palpation simulator using a pneu-
matic parallel manipulator.

We proposed a contact point detection scheme
using an idea of graphical intersection test, which
brought an advantage that any form of 3-D model
could be applied as the object surface. Consequently
the palpation simulator for, such as, stomach or ab-
domen can be developed.

Compliance control system is constructed on a par-
allel manipulator to display desired compliance cor-
responds to that of lump.

Through some experiments, control performances
both in detecting the contact point and in displaying
the reference stiffness are confirmed. The minimum
realizable stiffness is attained to be 0.01 [N/mm] and
the stiffness can be regulated with a resolution of 0.01
N/mm.

The further improvement of compliance displaying
performance for the recognition in dynamic motion to
feel a realistic lump is under the current investigation.
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ABSTRACT 
 
In this research, we selected Pneumatic Bilateral Servo System (PBSS) consisting of master and slave cylinders as an 
actuator system for the land mine apparatus. Usually the master side operates the slave side in PBSS. But we realized in 
our system that position and power controls are made by comparing and feeding back physical information between the 
master and the slave. It also makes possible that the slave operates the master on the basis of this information. For the 
above reasons, PBSS is suited to be the actuator for the land mines apparatus. In this research, we work on the 
following tasks based on PBSS as the basic system.(1) Construction of pneumatically-controlled bilateral servo 
system(2) This system becomes harmless on the environment and human. (3) Making this system can sense and be 
controlled by minute pressure change by the 100-gram weight. 
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bilateral servo system, land mine, demining, direct probe measuring  
 
 
 

NOMENCLATURE 
 
Fin : Total load force on slave cylinder 

f : Total viscosity conficient 
Msp : Total mass of rod and piston 
Ｌ  : Load force 
x : Displacement of piston 

ASr : Sectional area of slave cylinder in rod side  
ASb : Sectional area of slave cylinder in bottom side 
Pr : Pressure of rod side 
Pb : Pressure of bottom side 
Fr : Force of pressured Pr slave piston 
Fb : Force of pressured Pb slave piston 
p : Initial pressure in a cylinder 
n : Ratio of specific heat 

 
 

INTRODUCTION 
 
Background 

Now, land mines, 70 million from 60 million, are 
laid underground in 88 countries. Those were laid 
underground or dissemination. Every year, about 
100,000 land mines are removed, and about 60 
people die with land mines. It will take 600 years 
to 700 years to remove all land mines at present  
speed. 

Land mines are removed by deminers using 
metal detectors, mine prodders, mine dogs, etc. 
When using a prodder, a deminer repeats stabbing 
it to the ground at a slant carefully. 
 



There are many land mines at any area.  
Treading or touching land mines, people become 
limb amputation, or blindness, loss of hearing, or 
death. Actually, about 26,000 people are sacrificed 
and injured by land mines each year. It means that 
one person per 20 minutes dies. Most of land mines 
are plastic antipersonnel land mines it is very 
difficult to detect those. Therefore, exact land mine 
detection by deminers is needed. 

In this paper, we describe our land mine 
detection system with pneumatic bilateral servo 
actuators. The goal of this research is to establish 
the method of mine detection and cleaning by our 
robot with high safety, assuredness and expedition. 
 
Present Situation of Land mine Detection and 
Positioning of This Research 
 

Recently, many research organizations are 
studying about prevention from damage by land 
mines. 

Sato et al.(1)(2)(3) are researching the underground 
search radar that distributes short pulse 
microwaves from the transmitting antenna toward 
the ground and detects microwaves reflected by 
objects. Many parts of landmines are made from 
plastic and wood. This radar can detect metal and 
nonmetal objects. 

Shimoi et al.(3)(7) are researching the infrared 
camera system to measure temperature distribution 
of the ground. The ideal photography condition is 
that the temperature difference becomes largest at 
the sunrise and the twilight. The device detects the 
position of land mines, measuring the temperature 
difference between landmines underground and the 
surface. This device has characteristics to be able 
to measure widely from a remote place and to 
visualize easily the temperature distribution but is 
too expensive. 

Hirose et al.(4)(5)(7) are researching the 
contact-type probe system. This system recognizes 
materials of a land mine, for example plastic and 
steel, analyzing sound of collision between the 
sensor probes and a land mine when setting the 
probe in the ground. The probe consists of the direct 
operated impact driving function and the shock and 
vibration sensors. The former sends shockwave 
towards the probe, controlling the compressed air by 
solenoid valve. The latter detects the shockwave. It 
is possible to recognize shape of a land mine, 
detecting shockwave by these probes arranged in 
parallel. 

Nonami et al.(6)(7) are researching the high 
sensitive magnetic mine detector to detect metals, 
recognizing slight magnetic field. The 
characteristics are the compact size and the high 
sensitivity, and less subject to the disturbance from 

earth magnetism and commercial alternator. Now, 
the land mine detection robot COMET walking by 
6 legs with detector.  

In this research, applying the pneumatic bilateral 
servo actuator, we aspire for the realization of high 
reliable land mine detection technology.  

In our case, it searches by setting probe in the 
ground and detects land mines directly. The system 
analyzes materials by heating an object by the 
heater in the probe head, and understands shape of 
an object by the detection sensor arranged in a 
matrix. The structure is simpler than other 
detection system and the cost for the realization 
and the  maintenance fee are cheap. 

We will mount this system on the Gorilla type 4 
leg walking robot with PBSS actuators, and can  
realize the land mine detection and demining  
anywhere. 
 

THE BASIC EXPERIMENTAL EQUIPMENT 
 OF MINE-DETECTING 

 
Most of land mines are buried from 20 mm to 

100 mm under the ground and are detonated with 
from 0.4kg from 1kg of the load. The experimental 
equipment is shown in figure 1. This equipment 
has 3 pneumatic bilateral servo actuators and the 
slave cylinder is moved along each axis. 

  
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
In the experiment, the probe is repeatedly inserted 
into the ground for detecting imitations of land 
mines, moving in a reticular pattern. When the 
probe touches an object, it judges from the 
difference of pressure in PBSA that it is a landmine 
or not. 
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Figure 1  PBSA experimental equipment 



 
BILATERAL SERVO ACTUATOR SYSTEMBILATERAL SERVO ACTUATOR SYSTEMBILATERAL SERVO ACTUATOR SYSTEMBILATERAL SERVO ACTUATOR SYSTEM    
 

In size of most antipersonnel landmines the 
external diameter is over 80mm, the thickness is 
over 30 mm and the weight is more than 100 g less 
than 250g. Shape of antipersonnel land mines is a 
plastic ellipse or a wood cuboid.  

In this research, the pneumatic bilateral servo 
actuator (PBSA) in figure 2 is used. 

 
 
The PBSA consists of a master cylinder and a 

slave cylinder that are linked to each other by 
tubes and filled with compressed air. When the 
torque transmitted by the ball screw of the motor 
moves the piston of the master cylinder, the piston 
of the slave cylinder is moved by antagonistic 
effect. When the rod of the slave cylinder is moved 
by external force, the force is transmitted to the 
piston of the master cylinder by antagonistic 
effect. 
The probe is connected to the rod of the slave 
cylinder and set in the demining machine. When 
the probe head touches to a landmine, pneumatic 
pressure in cylinders changes, and the force is 
detected as variation of pressure by the pressure 
sensor. At the time, displacements of the pistons 
are detected by potentiometers. 
The advantage of PBSA is written as follows. 
 
(1) It is possible to reduce in size and weight of a 

device because a PBSA driven by a small 
motor generates high torque. 

(2) Pressure loaded to the probe is directly 
detected by sensors. 

(3) Impact strength between the probe and a target 
is buffered by compressed air in cylinders and 
the air is low-pollution. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 3  Detection of a land mine by PBSA 
 

BASIC PRINCIPLE OF PBSA 
 
A symmetric bilateral servo mechanism gives 
emphasis to positioning accuracy. But the 
demining by positioning control of the mechanism 
is impossible. To detect a land mine, it is important 
to detect the reactive force when a plodder, hits to 
a land mine. Therefore, force-reflecting bilateral 
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3-axial 
experiment
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YYYY  

Z 

Detection of an object by inserting the probe 
into the ground by a reticular pattern 

Detection of a land mine by pattern 
recognition of the difference of reaction 
force measured by the pressure sensors 
and the displacement of the potentiometer

Recognition of objects under the ground
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Figure 2  Schematic of the pneumatic 
bilateral servo actuator (PBSA 



servo actuators are needed. It is especially needed 
to detect reaction force by a plodder. 
The motion equations of force-reflecting PBSA in 
figure 4 are as follows. 

 
          (1) 

 
we obtain 
 

(2) 
 
where 
 

(3) 
 

(4) 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

The equation of adiabatic change of master and 
slave cylinder are expressed as follows. 
 

(5) 
                                     
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6  Response experiment (Simulation) 
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Figure 5  Block diagram of PBSA 
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Figure 5 shows the block diagram of the 
simulation. 

Figure 6 (a) and (b) of simulation result when 
pressured by 0.15[MPa], 0.35[MPa] shows each 
response from input of master movement to 
output of slave piston. We can see response (a) is 
late a little. 

Figure 7 shows the result of the experiment the 
response from master to slave motions.  From 
figure 7 (a), we can confirm to be late response 
wave than (b).  The time lag of right wave in (a) 
can be thought due to the difference cross-section 
area of piston and bottom side.  

We developed the experimental equipment of 
PBSA  

We confirmed that the higher the air pressure is, 
the higher the response is.  
 
 
 

PBSA CHARACTERISTIC EXPERIMENT 
 
Loading characterization 
A land mine explodes with force from 0.4kg to 1kg. 
Therefore, it is needed to detect slight change of 
load when the probe touches a land mine. We are 
experimenting the response to loads of our PBSA. 
Table 1 shows the condition. Figure 8 shows the 
change of positions of reaction force from slave 
piston.  When each load in table 1 are applied to 
the rod of the slave cylinder. The position of piston 
and the pressure in cylinders changed over 50 g 
proportionally. We confirmed to be able to measure 
a slight load to the probe from the change of 
pressure in cylinders. And then we will experiment 
to know smallest measure limit of PBSA by 
changing load force smaller.  
 
 

Table 1 The condition of the response experiment 
Air pressure[Mpa] 0.2 

Load[gf] 0, 30, 50, 70, 100, 120, 150, 
170, 200 

Measuring time[sec] 30 
Sampling rat[Hz] 100 

CH1 Position of the piston (Master cylinder) 
CH2 Position of the piston (Slave cylinder) 
CH3 Pressure (Bottom side) 

Measurement 
part 

CH4 Pressure (Rod side) 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Pressure sustainment 

There are many land mines in an area. Therefore, 
our PBSA has to keep the air pressure in cylinders 
for a long time. Figure 9 shows the result of the 
measurement of the air pressure in cylinders. The 
initial pressure was 0.3 MPa. The pressure reduced 
after 15 minutes. After that, the pressure was kept 

Figure 7  Response experiment 
(Experiment equipment) 
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about 2 hoers. From this result, we confirmed that 
it is possible to use our PBSA for a demining for a 
long time. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

CONCLUSION 
 
We described the method to detect land mines, 
about 10 cm under the ground, by a prodder. The 
points are as follows. 
(1) The vertical insertion of the probe for the mine 

detection into the ground at a constant speed and 
even interval. (In case of the mine detection by 
deminer, a deminer slides the prodder on an 
object under the ground and makes a distinction 
between a mine and other objects from the 
reaction force.) 

(2) The pattern recognition of land mines from 
reaction force when inserting the probe in a 
reticular pattern. 

(3) The experiment of load measurement by the 
force feedback control and by the positioning 
control. 

(4) The detection of reaction force over 50 gf. And 
the quick start and stop by antagonistic effect 
by compressed air in the bottom and rod side 
cylinders.  

(5) A slight pressure reduction in more than 2 
hours. (It was possible to keep running the system 
without recruital of compressed air.) 
In this paper, we described the basic experiment 
for the demining robot. We will develop the 
demining robot by application of our quadreputal 
walking robot “Gorilla”. The removal of plants at 
areas where land mines are buried in the ground is 
an issue. 
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Abstract 

  For energy saving, many attempts were tried in off-highway, highway vehicle and tram .First, we 

studied SATV vehicle of breakthrough and rescue purpose which is composed of hybrid power line 

CPS for low speed and MMT for high speed running. 

 Second, we studied CPS vehicle composed of variable P/M and energy recovery of flywheel. 

 In the last, we introduced     flywheel driven FST tram prototype performance recently 

developed  . This system is controlled by switching valve using fixed P/M. 

      

                            KEY  WORDS 

HST     HMT     CPS     Switching     System

               

 

NOMENCLATURE 

HST Hydrostatic Transmission 

HMT Hydro-mechanical Transmission 

CPS Constant Pressure System 

FST Fluid Switching Transmission 

INTRODUCTION 

At present, to prevent global earth warming 

problem, automobile exhaust gas reduction 

and saving energy are becoming very 

important problem . 

 Roughly speaking, there are two methods to 

solve this problem. 

 1) First is of course, improvement of prime  

mover engine itself and many attempts are  

 

tried such as digital engine technology and 

operation of engine always at good fuel 

consumption point . 

 2) Second way is improvement of power 

transmission line efficiency. This is especially 

important in hydraulic operated off-highway 

vehicle. In this field, HST is a  fundamental 

element where large starting torque 

generation  , wide speed ratio and  

transmission efficiency are three important 

parameters to consider . 

 To obtain wide required speed ratio of 

vehicle, one considers simple combination of 

variable P/M at first . But, partial efficiency 
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of P/M is not sufficient  and limitation of 

usable capacity is 1/3-1/5 of rated capacity . 

 To avoid this problem , gear change or  

driving motor switching appling 2 motor  

driving system . 

 Importance of transmission efficiency is  

dependent on vehicle running duty cycle . 

For example, in wheel loader , running duty 

is not so frequent and above mentioned HST 

is applied . 

 But in tractor, running performance is 

important. Therefore, hydro mechanical 

transmission ( HMT ) is applied which 

combines hydraulic machine and planetary 

gear . To achieve required speed range , 

many kind of complicated system was 

developed combining speed and torque 

summation mechanism as fundamental 

element .        

  Third way is to construct hybrid system to 

absorb vehicle kinetic energy at braking by 

combining auxiliary power source.1),2)  

 Energy accumulation system is classified as 

follows  

1) Engine +Electric Generator  

Energy accumulation device is, such as 

battery, capacitor and flywheel 

2)  Engine+Hydraulic Pump/Motor 

Energy accumulation device is accumulator 

and flywheel. 

 Here, according to the selection of 

hydraulic    machine,pump/motor  

type ,different hydraulic system is created . 

 If we choose conventional variable P/M, 

constant pressure system (CPS) or secondary 

regulating system is possible to apply. 

 If we wish to choose combination of 

constant volume P/M, switching valve system 

will be one candidate . 

  

１１１１     CPS and HMT     COMBINED 

SUPER ALL VEHICLE 

DEVELOPMENT 

 

Crawler vehicle is recently gaining 

attention by its good snow driving 

performance . At the same time , it has the 

potential application as rescue vehicle . In 

this kind of purpose , necessary function is to 

reach disaster area as fast as possible from 

city center . Therefore high speed running 

performance inside city and break through 

performance of deserted area are 

demanded .3) 

For this purpose , we studied SATV 

(SUPER ALL TERRAIN VEHICLE) using 

CPS and HMT combined power line as 

shown in Fig.1.  

 In SATV, low speed drive is by 4 hydraulic 

motor in front and rear and high speed drive 

is by rear HMT .Power flow of CPS and 

HMT is shown in Fig.2 . 

 

 

 

 

 

 

 

 

 

Fig.1  SATV    Concept 
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1.1  CPS  DRIVE 

Power line from engine is composed of 

two lines CPS and HMT . At CPS drive, 

engine is connected to CPS gear box and 

HMT line is disconnected . Drive unit motor 

is connected to front and rear axle through 

clutch. By selecting clutch operation, it is 

possible to realize independent front or rear 

drive . 

    In CPS drive, flywheel is adopted . 

Detailed discussion of this system is  

omitted here , because another CPS was 

introduced in next chapter . 

 

 

 

 

 

 

 

 

 

 

Fig.2 Power line of SATV 

 

 

 

 

 

 

 

 

 

 

 

Fig.3 Developed input split HMT 

1.2  HMT DRIVE 

Power from HMT is transferred to drive shaft 

and crawler through output pulley. HMT is a 

combination of HST and planetary gear with 

CVT performance by HST and high efficiency 

by planetary gear. 

There are two type of single HMT of input 

and output split type . 

Hydraulic power ratio is compared with input 

split and output split. When hydraulic power 

ratio is zero, power transmission is made by 

planetary gear train only, without hydraulic 

power loss . 

  Therefore, at this speed ratio, transmission 

efficiency becomes best .In this time, we 

selected input split from control purpose. 

Manufactured HMT is shown in Fig.3. We 

confirmed fundamental performance of it by 

bench and experimental SATV vehicle. 

  

2 CPS DRIVEN NEW CAR 

DEVELOPMENT 

2.1 

FUNDAMENTAL CONFIGURATION 

OF CPS WITH FOUR VARIABLE 

HYDRAULIC P/M 

As shown in above, conventional drive 

method frequently applied for heavy vehicle is 

HST . This method has good transmission 

performance. But, braking energy storage is 

not possible and combination with hydraulic 

actuator or consumer is also difficult. In a 

word, HST application is limited only traction 

without energy recovery.  

On the contrary,    CPS is more flexible 

hydraulic system which is capable to coexist 

ENGINEENGINEENGINEENGINE

CPSCPSCPSCPS
HMTHMTHMTHMT

beltbeltbeltbelt

clutchclutchclutchclutch

FWFWFWFW

Input shaft
Output shaft

Carrier

Pump gear

Planetary gear

Ring gear

Sun gear
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with drive line and actuating system.4),5) 

 In the following, new CPS system is 

explained ,shown in Fig.4.  

There are four variable hydraulic machines, 

that is, 1) engine coupled variable pump/motor, 

2) flywheel coupled variable pump/motor 3) 

two driving variable pump/motors. 

 For energy storage , it is common to use 

hydraulic Acc (accumulator) . But, this system 

is assumed not fitted for light vehicle because 

Acc weight is heavy. 

 The system of FFC P/M (fluid force couple 

type pump/motor) connected to flywheel is 

shown in Fig.5. Let explain principle of energy 

storage by flywheel unit. 

A) Deceleration  

By pressing brake, capacity(eccentricity 

ratio) of drive unit FFC-P/M is set to the 

pump side in proportional to brake pedal 

displacement . 

By this action, FFC discharges high 

pressure oil to the CPS high pressure line 

and vehicle is decelerated by braking torque . 

In this state , discharged oil makes rise the 

pressure of high pressure line and flywheel 

side FFC is regulated to act as hydraulic  

                            

 

 

 

 

 

 

 

 

 

 

Fig.4 Car drive system by CPS 

 

 

    

 

 

 

 

 

 

 

Fig.5  Flywheel driven by FFC 

motor to absorb discharged oil .    Then,  

flyflyflyflywheel begins to rotate . That is,wheel begins to rotate . That is,wheel begins to rotate . That is,wheel begins to rotate . That is,    

brakingbrakingbrakingbraking energy is converted to flywenergy is converted to flywenergy is converted to flywenergy is converted to flywheel heel heel heel 

rotation rotation rotation rotation .... 

B) Acceleration 

When operator pushes acceleration pedal , 

capacity of drive unit FFC is set to the value 

of pedal displacement . As the result, 

pressure of high pressure line decreases and 

flywheel FFC acts as pump to discharge oil 

to compensate for pressure decrease. 

Revolution speed of flywheel decreases due 

to energy     discharge. That is, flywheel 

rotational energy is converted to the vehicle 

acceleration. 

In the case where flywheel accumulating 

energy is sufficient in the process of flywheel 

discharge and absorbing energy, engine is 

possible to stop to enhance fuel economy. 

 In the case of engine restart, engine drive 

FFC is set to the motoring action with 

simultaneous firing of injector . 

 In this state, as engine FFC absorbs high 

pressure oil,     pressure of CPS line 

decreases . Therefore, flywheel rotation is 

required to be higher than certain limit. 

common high pressure line

Common low pressure line

ＦＦＣ-Ｐ/Ｍ

flywheel

engine

ＦＦＣ
pump/motor

Flywheel part

２
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2.2 STATIONARY TEST OF 

FLYWHEEL  ENERG Y 

STORAGE AND  DISCHARGE  

 Measurement of flywheel energy storage 

efficiency was attempted by the process 

“ engine start –flywheel acceleration(energy 

storage)-engine stop-flywheel deceleration 

(  energy reuse )-engine-restart-flywheel 

acceleration-flywheel deceleration ” without 

vehicle running . 

 By this test, efficiency of the hydraulic 

system is possible to evaluate . Control 

parameters are selected for each test 

condition .From this, system pressure is 

confirmed regulated nearly constant , by 

engine and flywheel action . 

2.3 FLYWHEEL ENERGY  

STORAGE TEST OF RUNNING 

CONDITION 

 After stationary test, we conducted running 

test by using vehicle as shown in Fig.6 . After 

engine stops and flywheel reaches maximum 

speed , FFC coupled to flywheel starts to 

discharge oil to the high pressure line and 

vehicle accelerates by the energy of 

flywheel . 

 When the flywheel speed reduces to the 

lower limit ,then braking command is given 

to the driving FFC . 

  By this action, flywheel speed is once more 

increased to absorb braking energy .  

 Let calculate regenerative braking energy 

efficiency . 

Ratio of energy stored in flywheel and 

energy restored in flywheel in the process of 

vehicle start and stop is energy accumulation 

efficiency . 

    Efficiency of acceleration of vehicle by 

flywheel ηA  and regenerative or braking 

energy ηB are defined as follows ; 

 

ηA＝＝＝＝   JVNV
2
/JFW( NF1

2
 – NF2

2
 )       (1) 

 

ηB=  JFW( NF3
2 
– NF2

2
 ) / JVNV

2
       (2) 

 

 Where, N F1; flywheel maximum revolution 

 NF2 ; flywheel minimum revolution 

 NF3;flywheel revolution at regeneration 

 N V; driving unit maximum revolution 

 J V; vehicle equivalent moment of inertia of  

driving unit shaft 

 J FW; flywheel moment of inertia 

 Total efficiency η is product of ηA and ηB    ,  

thus , 

η＝（＝（＝（＝（NF3
2
―NF2

2）／（）／（）／（）／（NF1
2
―NF2

２２２２））））（（（（３３３３）））） 

 These calculation includes CPS  hydraulic  

system and vehicle driving efficiency .  

So that , efficiency is total vehicle driving  

and energy storage efficiency . 

 By experiment , driving efficiency        

ηA＝＝＝＝70% ,braking energy recovery  

efficiency  

ηB=40％％％％and total efficiency η＝＝＝＝30% are  

obtained . 

 The reason why ηＡＡＡＡ，，，，ηＢＢＢＢ   different is not  

clear ,just now . 

At acceleration of vehicle , flywheel  

rotational energy is converted to vehicle  

velocity through two FFC units .Also at  

braking, vehicle braking energy is  

transferred to flywheel through two FFC . 
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Fig.6  Test truck driven by CPS 

 

 

3 FLUID SWITCHING 

TRANSMISSION 

 Contrary to using variable P/M, new 

approach to use constant P/M with switching 

valve named FST was developed recently .6) 

 Developed 3 axis 6 wheel automatic steering 

bogie machine is prototype for tram 

application ,equipped with small engine and 

large flywheel for energy storage as shown in 

Fig. 7 . 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig.7 Tram model driven by FST 

 

 

 

 

 

 

 

 

Fig.8  FST hydraulic diagram 

 

Flywheel is specially designed to minimize 

rotational loss and capacity is 13.0 

Kgm2 ,about 6 times larger than CPS car .  

. Basic hydraulic diagram is shown in Fig.8. 

Switching circuit is constructed in engine 

–flywheel and flywheel-driving motor . 

 Driving command is inputted by mono 

lever and on-off valve is controlled by FST 

algorithm. Flywheel is accelerated to the top 

speed by engine. Then, by this flywheel 

energy, tram is accelerated to the desired 

speed . Braking energy is also recuperated to 

the flywheel . 

 FST hydraulic circuit is simple because 

only using switching valve and gear P/M 

instead of complicated variable P/M. Tram 

acceleration and deceleration are confirmed 

fundamentally same as of above mentioned 

CPS.  

 System total efficiency at running is 

estimated high due to using fixed P/M and 

switching valve. In this system, surge 

phenomena takes place due to rapid 

switching of fluid line. If we have effective 

measures to this problem , FST is also 

applicable to hybrid vehicle. 

実験車両

ＣＰＳ truck

Gasoline engine

flywheel

Engine PM

PM

PMPM
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CONCLUSION 

Experimental investigation of hybrid vehicle 

was conducted including SATV composed of 

CPS and HMT and flywheel car driven by 

CPS. 

 Further, FST was reviewed which was 

driven by switching principle . 

1) CPS and HMT combined power 

transmission system was proposed for 

SATV. 

2) By actual running test, braking energy 

was possible to recuperate in CPS car. 

3) By switching valve system FST , simple 

and effective driving system for tram is  

possible to realize.  

  In closing this paper, we sincerely thank 

Mr.Narahara for SATV project , Mr.Kita for 

CPS and Mr.Itoh of Yukigaya Co. for FST 

system to their support . Finally, we thank 

member of Ichiryu laboratory for their 

cooperation . 
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ABSTRACT 
 
Recently, a technology on the machines under computer control is become established. However huge working power 
of the hydraulic mechanics is difficult to control with taking efficient power transmission and its precision. Then 
hydraulic switching power control system is contrived based on analogy between electric circuit and fluid circuit. 
Hydraulic and electric switching devices are called valves as both circuits on nomenclature. The hydraulic switching 
control on huge working power have been disclose only a few years ago, at first in the world on JFPS Spring Meeting 
on Fluid Power”, May 2002 in Japan. This paper is described process of some experiment to have evidence to practical 
use of the Hydraulic Switching Control. We have obtained patents about the hydraulic switching control as a new theory 
on the Fluid Power Systems, and registered it as the trade mark “FST” means Fluid Switching Transmission. Outline of 
the performance of the FST is also described in this paper.   
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NOMENCLATURE 
 
Qm : output torque of motor 
Qp : input torque of hydraulic pump 
I : inertia of flywheel 

 (sum of inertia on motor shaft) 
ω :   angular velocity of flywheel 
a  :  on/off condition of un-loader valve 
ι : current of electric power sauce 
Es1 :  output voltage of electric power sauce 
Ec1 :  output current of electric power sauce 
L1 :   inductance of reactor cil 
b  :   on/off condition of switching device 
 
 
 
 

INTRODUCTION 
The concept of hydraulic switching for power control 
and regulate the fluid conditions on the hydraulic power 
system was have not existed in the world, it is as same 
as a seen on electronics a half century ago. It was 
believed that the power switching on high frequency on  
heavy load, it was believed that makes severe vibration 
as parasite oscillations.  
We have succeeded to suppress the violence of transient  
in the power electronics, based on the way of the 
electron beam deflection and fly back circuit on CRT 
control, especially for color CRT display. 
Usually, human lives in the world that is dominated by 
the ILLUSION. However on the physical object like as 
the mechanical constructions, the vibration makes 
serious obstructions, it is much different from the 
human sense and sensitivity of human. 



The technology of FST (Fluid Switching Transmission : 
is only our registered trademark) is facing the 
difficulties on vibrations not only physical but also 
illusion of human sensitivities. 
The switching technology on the hydraulic power 
system will be judged from the quite otherwise. We 
have succeeded on a trial of the production of hydraulic 
power switching servo controllers reciprocate, it has 
brought the great successful result of the trial for us. 
We continued the development of the hydraulic power 
control by switching since 1973, accompany with the 
research on the electronic switching power control, to 
increase their transferring efficiency on the power 
transmission and suppression of unpardonable 
obstructions will be eliminated. 
We have disclosed the hydraulic switching technologies 
on May 2002, applied for a patent simultaneously, and 
we have obtained the patent of the theory on hydraulic 
switching technology recently, what is said(1)(2)(3)(4)(5)(6). 
We will discuss about the technology of power 
switching on the hydraulic and electric field of 
technology, and investigate the analogy of the hydraulic 
switching technology with the electronic switching 
power control. The prototype of rail vehicles will be 
introduced in this paper which are produced by us, in 
order to prove the performance of the hydraulic   
switching technology as a transmission, both to 
hydraulic and electric switching power control systems. 
The three units of original servo systems are shown in 
Figure 1, they are a part of prototype produced at first, 
controlled by hydraulic power switching. These servo 
actuators are produced 1973 in order to cut down the 
energy consumption of a hydraulic servo systems 
working in a factory as productive facilities, and the 
FST servo control system succeeded to save the energy 
more than 99% of conventional servo control systems in 
that was running in the factory. 
These original models have mechanical output of 
reciprocate. 
The servo control system has an excellent ability as 
power transmission if designed appropriately. 
We have produced plot type of LRV (Light Rail Vehicle) 
to prove the performance of power switching control 
systems as the transmission of vehicles on board. 
Figure 2 shows the plot type of trolley less electric 
vehicle powered by the EDLC (Electric Double Layer 
Capacitor) on board, the vehicle is driven by 
electrostatic energy at first in the world, tt is shown in 
Figure 2 has electronic power switching controllers as 
transmission, for powering and regenerative brake. 
Figure 3 is the vehicle powered by the thermal engine 
and flywheel hybrid, and the power is controlled by the 
bilateral FST (7)(8)(9)(10). 
The vehicle shown in Figure 3 is powered by the kinetic 
energy stored in the flywheel on board, and on braking, 
kinetic energy that was kept in vehicle returns to the 
flywheel as regenerative brake system. 

 

Figure 1  Switching servo control produced 1973 
 
 

Figure 2  Trolley less electric vehicle EDLC on board 
 
 

Figure 3  Hybrid flywheel vehicle FST on board 
 
The FST is a high performance transmission, and the 
FST vehicle has the powering system equivalent to that 
of the electric systems. 
FST have been proved that its operating efficiency is 
100% on theoretically, same to that of the electronic 
switching power control designed proper. 
The analogy between hydraulic system and that of 
electricity is often appears on the books telling technical 
theory, however almost of them are mistake of slip. 
The excellent power transmission will perform energy 
regeneration on the powering system, and regeneration  



demands a support of accumulators of high performance 
that will be introduced bellow 
 

THE POWER SWITCING 
 

Generally importance of the power switching on the 
power systems have been well known on the field of 
technology, the electronic switching technology have 
only grow to a standard system of power controllers. 
However we have completed hydraulic power switching 
control system more than 30 years ago as servo 
controllers, however, we did not disclosed them. 
The most basic hydraulic switching circuit diagram of 
the “FST” is shown Figure 4. 
Figure 5 shows the electronic circuit diagram equivalent 
with the FST circuit what is shown in Figure 4. 
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Figure 4  Circuit diagram of the FST 
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Figure 5  Circuit diagram of a switching converter 

 
Figure 6 to Figure 9 are supplementary explain about 
the principles of FST. 
Function of VS1 in Figure 4 behaves like as the 
un-loader valve, but its usual operating frequency is 
much higher than generally used un-loader valves. 
It is operated synchronize to clock frequency or self 
oscillating frequency that is decided by the way of 
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Figure 6  Inertia makes two phases 
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Theoretical driving efficiency：100%

 
Figure 7  Drive a nail 
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Figure 8  Drive a plunger pump by hammer 
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Figure 9  Inertia makes boost the hydraulic pressure 
 
feedback loop from the hydraulic pressure in the 
accumulator ACC 4 in Figure 4. 
Figure 6 shows the behavior of torque transfer, when the  
un-loader valve is switched, on the rotating motor shaft 
installed hydraulic pump and flywheel or incidental 
inertia instead of flywheel. 
When the un-loader valve is opened, the angular 
velocity of flywheel increased by the motor torque. 



The un-loader valve is closed the hydraulic pump will 
be driven by larger torque than motor torque, sum of the 
torque of motor and flywheel. 
Some of similar examples of switching action were 
described before, on the analytical explanation. 
Figure 7 shows a process of driving a nail into a wooden  
block. The kinetic energy of hammer is converted into a 
thrust to drive a nail, and the efficiency on driving nail 
is 100%, if the coefficient of elasticity, “E”=1, between 
the head of hammer and the nail, theoretically. 
An example similar to the nail drive is shown in Figure 
8.  A plunger works as a ram, that is driven by a 
hammer, then, they make a piston pump, and boost up 
the hydraulic pressure H1 to H2. 
Theoretical efficiency of this plunger pump also 
presents 100% on the pressure boost. 
An improved pressure booster is shown in Figure 9, 
equivalent to the boosters in Figure 7 and 8. 
This booster system works as rotary machine, generally, 
the rotary machines are superior to reciprocate for 
practical use, especially its continuative transfer ability 
is excellent, and the power density of rotary machines 
are better than that of reciprocate. 
An example of switching control hydraulic power 
system will be analyzed on the equations. 
 
Qm: torque, motor generates, Qp: loaded torque of 
hydraulic pump, I: sum of inertia on the pump driving 
shaft, ω: angular velocity of the driving shaft. 
The motion is shown by Eq. (1). 
 

Qm-aQp-Idω/dt=0             (1) 
 

a=1 : VS1 is closed 
a=0 : VS1 is opend 

 
On the electric circuit that equivalent with hydraulic 
switching circuit, the voltage boost is practiced as the 
followings; i : sauce current, ES1: voltage of sauce, L1: 
inductance of L1, EC1: output voltage on the terminal of 
C1. 
The relation between current and voltage is shown by 
Eq. (2), it is equivalent with Eq. (1). 
 
              ES1-bEC1-L1di/dt=0            (2) 
 

b=1 : S1 is opend (OFF) 
b=0 : S1 is closed (ON) 

 
There are various way to present the power switching 
both to mechanical and electric engineering field. 
Then, we will present a typical response on switching 
both to hydraulic and electronic switching. 
Figure 10 shows the angular velocity of flywheel 
connected with hydraulic pump and motor coaxially, 
and the magnetic flux density in the core of inductor on  
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Figure 10  Transition of angular velocity and flux 
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Figure 11  Magnetic flux density on 2nd quadrant 



a pressure and a voltage booster.. 
The transition of magnetic flux density in the inductor 
core on chopper converter is shown in Figure 11, 
generally magnetic cores of inductor are operated on the 
1st quadrant and 3rd quadrant of the B-H plain, and 
operating area is limited by characteristics of magnetic 
core.  
The hydraulic switching system is equivalent with 
electronic switching system, but it is not equal on all, 
there are various inconsistency between on both system. 
Generally the switching power controls are applied 
pulse width modulation (PWM). 
There are various method to apply PWM for switching, 
but they are belongs to the system of synchronous to 
clock, or hysteresis control that has no clock pulse. 
You can chose whichever you like above two ways of 
PWM control, but if anything asynchronous hystersis 
control is better than others, limited on hydraulic 
system. 
Anyway the switching power control is constructed of 
reciprocal transitions of the energy accompany with 
oscillation 
 

APPLICATIONS 
 
We have produced many instruments to prove the 
performance of switching power control not only  
hydraulic power systems but also on the electric power 
control systems. 
Figure 12 shows the Flywheel Hybrid Rail Vehicle  
controlled by the hydraulic switching transmission on 
left hand, and on right the Electric Rail Vehicle powered 
by the electrostatic energy stored in the Electric Double 
Layer Capacitor (EDLC) on board. (8)(9)(10) 
Close up of the flywheel rail vehicle is shown in figure 
13, the instrument panel and bench seat for operator is 
seamed on the head of the vehicle. 
Middle of the vehicle, under the seat, flywheel is 
mounted, reserve tank and the circuit hydraulic 
switching transmission are on near the tail of vehicle, 
accumulators are also mounted top of the hydraulic 
control circuit. 
 
 

Figure 12  Rail vehicles have switching on board 

 
Figure 13  Flywheel hybrid vehicle controlled FST  
 
The thermal engine is mounted on tail end of the vehicle 
it is shown in Figure 13. 
The vehicle runs powered by the flywheel on board 
which is increased its angular velocity by the engine 
power and regenerative braking power. 
The vehicle on the right hand in Figure 12 is the 
prototype of rail vehicle powered by EDLC on board. 
The variable range of FST-transmission is boundless 
and the efficiency as transmission have been measured 
over 99% on wide range of convert ratio. 
 

POWER ACCUVULATORS 
 
It is important for us that reduce energy consumption of 
vehicles and other instruments, so we continued to 
develop of high efficient motor, transmission and power 
accumulator. 
The high efficient vehicles must be equipped 
regenerating brake and high efficient bilateral 
transmission onboard. 
We have established switching power transmissions on 
electronic and hydraulic power control, and we found 
the necessity of power accumulators not only on 
hydraulic bat electric power switching systems. 
We made a trial to develop the power accumulators 
since 1975. 
One of successful power accumulator is the EDLC and 
other is the Flywheel covered with floating shrouds. 
Newly developed flywheel as power accumulators has 
floating shrouds rotating coaxially with flywheel, the 
flywheel able to rotate up to super sonic velocity on its 
tangential velocity in the atmospheric air pressure. 
The flywheel is shown in Figure 15, this is mounted on 
board FST vehicle, it wears three layer of shrouds, in 
Figure 13, upper half of shrouds are removed for 
exhibition.  
Figure 16 shows a cross section of the flywheel. 
The aerodynamic theory of reducing drag force of the 
flywheel in atmospheric air pressure environment is our 
patent.   
Figure 17 shows EDLC which has huge electro static 
capacity of 2,000 and 1,200 Farad, we have continued 
development of powering by the EDLC, and our first 
EDLC vehicle was succeeded 1988. 



Figure 15  Flywheel with bottom shroud 
 
 

Figure 16  Cross section of flywheel and shroud 
 
 

Figure 17  Electric Double Layer Capacitor 
 
Now, we are converting a conventional marine Diesel 
engine into the FST control engine, in order to present 
the effect of FST on Diesel engines. 
The FST involves the concept of dynamics, on the 
rotary inertia it makes transmission, on the reciprocate, 
FST makes most efficient hydraulic system. 
The FST engine will complete in September 2005, and 
it will begin the test run. 
The full detail of the experiment is will be disclosed 
near future. 
We have chose 4-stroke cycle Diesel engine in this 
project in order to prove the performance of FST. 
The difficulties applying to 4-stroke will be solved by 
the FST engine control systems. 

CONCLUSION 
 
We proved that the FST is one of best way to keep the 
efficiency of transmissions, thermal engine and other 
powering systems. The best way to reduce consumption 
of energy is the increase of efficiency on systems, we 
believe. 
The power switching is completed on the electric power 
control technology, but it was not exist on the hydraulic 
power system. 
We succeeded to make practicable hydraulic power 
switching at first in the world, so we cannot find any 
publish about hydraulic power switching yet. 
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ABSTRACT 
 
Marine Diesel engines are converting their fundamental futures, they are compelled to suppress the emissions of CO2, 
NOX, and others maintaining the conference around the thin layer of the earth surface, then these engines are beginning 
to convert their design concept now. However, it seamed for us that is processing by poor technology and concept, such 
as the applying computers and electric controls only. The principal reforms of the engines are remove their camshaft, 
tappets, mechanical push rods, rocker arms and mechanical injection pumps and the tasks are depend to computer and 
electric control. The engines applied the new concept has some small advantage to traditional engines, easy start and 
reverse, etc, but facing serious difficulties of its reducing thermal efficiency. This paper describes that the compatibility 
of suppress the emissions keeping high thermal efficiency of the engine. We are remaking an engine will be changed 
from conventional engine to the innovative one applying our patent HYDRAULIC SWITCHING TECHNOROGY. 
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NOMENCLATURE 
 

D1 : smaller diameter of stepped booster piston 
D2 : larger diameter of stepped booster piston 
D3 : diameter of pluger 
Ph : pressure of hydraulic fluid 
Pf :  pressure of fuel oil 
Qm torque of mortor 
Qp : torque of hydraulic pump 
I  : inertia of rotary part of pump 
Es :  sauce Voltage 
L1 : reactor inductance 
 

INTRODUCTION 
 

We have established hydraulic switching servo control 
system in 1973, but we have not disclosed it over 30 

years. The hydraulic power switching technology has 
been disclosed in the JFPS spring meeting held in Tokyo 
on 2002, at first in the world, simultaneously we applied 
patents and obtained it (1)(2)(3).  
Recently, marine Diesel engines are beginning to 
undergo a transfiguration by the requirement for 
suppression of their emissions and smoke. 
On uni-flow two-stroke marine Diesel engines exhaust 
valves are changed to hydraulic push rod already instead 
of mechanical push rods and rocker arms(4)(5). 
The hydraulic control systems of the engines reduce its 
thermal efficiency. 
We have made a plan to increase the thermal efficiency 
of these engines drastically applying the FST, which is a 
hydraulic transmission applying hydraulic power 
switching technology equivalent to the electric power 
switching control, suited for the reciprocate. 



CONVENTIONAL FUEL INJECTIN 
 
Figure 1 shows a cross section of the conventional fuel 
injection pump. An electrically controlled booster pump  
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Figure 1  Conventional fuel injection pump 
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Figure 2  Electrically controlled fuel pressure booster 

as fuel oil booster is shown in figure 2. 
Figure 3 is an example of fuel oil pressure transition in 
the boosted fuel oil pipe of the conventional engine.  
Figure 4 is an example of double injection electrically 
controlled pressure transition of boosted fuel oil. 
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Figure 3  Fuel pressure transition conventional engine 
 

170 180 190 200160
210

20 

100

80 

60 

40 

MPa

degree

Figure 4  Fuel oil pressure transition hydraulic booster 
 
The boosted fuel oil pressure transition pattern of 
electrically controlled injection is variable, to have best 
compromise to improve the relation between thermal 
efficiency and emission of NOx. 
It is well known that high rate fuel injection on TDC, 
combustion gas generates high density of NOx.  The 
air in cylinder is compressed to a maximum pressure 
and minimum entropy on the TDC, then high rate fuel 
injection generates high density of NOx by the 
combustion of high temperature and high pressure. 
Progressive injection or double injection reduces NOx 
emission, however the injection pattern of this way 
spoils thermal efficiency of the engine(4)(5).  
We continue the experimental simulation of progress the 
thermal efficiency of a Diesel engine, by means of 
applying the FST technologies, for fuel oil pressure 
booster and valve actuators of the engine. 
The compatibility between emission and high thermal 
efficiency of the engines will be cmpleted. 



THE REVILUTION ON FUEL INJECTIN 
 
The increase in dissipation of energy on the electrically 
controlled fuel injection system makes increase in fuel 
consumption of the engine, and reduces its net thermal 
efficiency.  
The FST(Fluid Switching Transmission / Technology) 
will make the revolution on technology of suppression 
of NOx and smoke emission(7)(8)(9). 
FST is the registered trademark of a hydraulic control 
system that is developed and applied the patent to us, 
and it means “Fluid Switching Transmission” and 
“Fluid Switching Technology”. (1)(2) 
Figure 5 shows cross section of injection system driven 
by the FST, the fuel injection pump has similar structure 
to the conventional or electrically controlled one. 
 

T T PT

High pressure fuel oil

Fuel oil inlet 

Valve 1 

Valve 2

Punger 

Piston 2 

Piston 1 

 
Figure 5  FST fuel pressure booster 

 
The FST fuel injection pump is a mechanism of the 
hydraulic pressure boosters, and the plunger actuator 
piston has multiple steps of its diameter coaxially. 
Piston 1 generates lower pressure in the fuel oil, and 
piston 2 makes middle pressure by the differential area 
on the step of diameter. 
The valve 1 is opened, and the valve 2 is closed, plunger 
makes lowest fuel oil pressure by the hydraulic pressure 
delivered on the area of small diameter piston. 
When the valve 2 is open, and the valve 1 is closed, fuel 
oil pressure is made by differential area of the piston, 
middle level of pressure is given to the fuel oil. 

The both valves are opened fuel oil pressure rises to the 
maximum injection pressure. 
A simulated transition of fuel oil pressure transition is 
shown in figure 6. 
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Figure 6  Bit control and boosted pressure 
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Figure 7  Pressure balance on multiple piston 

 
Figure 7 shows an illustration of fuel oil pressure 
booster equipped multi diameter pistons D1 and D2. 
When Ph is loaded piston diameter D1, boosted pressure 
Pf is equation (1) 
 

Pf1=(D1/D3)2 Ph              (1) 
 

Next, for middle pressure, 
 

Pf2=(D2-D1)2/D32Ph           (2) 
 
And the most pressure is given by area of diameter D1, 
it is made by the way of feeding pressure Ph both to the 
area of D1 and D2 of the piston which has a fuel 
injection plunger and multi diameter piston. 
The highest pressure of fuel oil for injection is given as 



following equation. 
 

Pf3=(D2/D1)2Ph              (3) 
 
The energy need to fuel injection is the sum of each step 
of injection pressure transition. 
The injection power is increase with boosted fuel oil 
pressure proportionally, Figure 7 shows a simulated 
chart of the energy consumption on fuel injection of 
trendy one and the FST fuel oil booster. 
Figure 8 shows injected quantity of the fuel by pressure. 
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Figure 7  Power consumption on fuel injection 
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Figure 8  Fuel injection pressure and quantity  

REGENERATING VALVE ACTUATORS 
 
We continue the improvement on large scale of Diesel 
engines applying FST technology for not only their fuel 
oil pressure booster but also valve actuators. 
The hydraulic circuit of the FST is shown in figure 9. 
Figure 10 is an electric circuit equivalent to the FST. 
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Figure 9.  Schematics of the FST 
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Figure 10  An equivalent circuit to the FST 
 
The FST(Fluid Switching Transmission) is a newly 
proposed technology on hydraulic transmission. 
The principle of FST is the hydraulic power switching 
technology equivalent to electric power switching 
control technology.  
The principal movement is shown differential equation 
(4), and (5) is the equation of Figure 10, as a reference. 
 

Qm-Qp-Idω/dt=0              (4) 
 
Es-EC1-L1di/dt=0              (5) 



On the electric switching power control, electric energy 
is stored in inductors converted to magnetic energy and 
on the next timing, return to electric energy alternately, 
synchronized with the electric current chopping. 
On the hydraulic switching control, we have newly 
proposed, hydraulic energy is converted to kinetic 
energy in inertia like as by flywheels, and return to 
hydraulic energy on next timing as like as the process of 
electric power switching on electronic controllers.  
So the FST makes converter of hydraulic pressure, and 
its efficiency for transmission is 100% on theoretically 
as same to the electric switching converters, and its 
capability of converting ratio to transfer is more than 
range of 30, in the area of high efficient operating. 
Figure 11,12,13 show cross section hydraulic valve 
actuators. 
Fig 11 shows conventional valve actuator that replaced 
mechanical push rod to the hydraulic push rod, Figure 
12 shows electrically controlled exhaust valve actuator   
developed by marine engine sellers in Europe recently, 
and Figure 13 shows a model of valve actuators consist 
of newly developed FST power control technology. 
The FST marine Diesel engines will save much deal of 
fuel consumption up to 4% of fuel consumption of 
trendy marine Diesel engines. 
Figure 14 shows comparison of energy consumption on 
hydraulic valve actuator of traditional, trendy and FST. 
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Figure 11  Conventional hydraulic valve system 
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Figure 12  Controllable hydraulic valve system 
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Figure 13  FST valve system 



The FST valve actuator and trendy one which has a cam 
shaft and tappets, regenerates energy that is consumed 
on the way of opening valves. However the trendy 
engines regenerates no energy. 
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Figure 14  Valve movement and hydraulic flow 

EXPERIMENT OF THE ENGINE APPLIED FST 
 
Now, we are converting a conventional marine Diesel 
engine into the FST controlled one, in order to present 
the effect of FST on Diesel engines. 
FST involves the concept of dynamics, on the rotary 
inertia in transmission, on the reciprocate machines FST 
makes most efficient hydraulic system. 
The FST engine will complete in September 2005, and 
it will begin the test run. The full detail of the 
experiment is will be disclosed in near future. 
We have chose 4-stroke cycle Diesel engine in this 
project in order to prove the performance of FST. 
The difficulties applying to 4-stroke will be solved by 
the FST engine control system. 
 

CONCLUSION 
 
We proofed that the FST is one of best way to keep the 
compatibility with emission and thermal efficiency of 
Diesel engine and other thermal engines. 
The FST will make some compatibility with thermal 
efficiency and emissions for thermal engines on 
Reciprocate. 
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ABSTRACT 
 

 A new generation of cleaning robots for domotic applications based on all-pneumatic technology is on study; the 
project deals with three main fields: motion, cleaning and drying. Referring to motion, an innovative design using 
pneumatic cylinders as structural elements is being tested; the implementation of a control made with digital valves 
permits to reduce costs, decrease setup times and leads to a unit which can be easily reconfigured for various 
applications. A recently developed series of vacuum cups allows the unit to stick itself on surfaces even if dirty or wet; 
innovative design and materials were studied to guarantee a firm grip in extreme conditions such as metal or glass 
covered by lubricating fluids. The structure used for motion system and the solutions for control the unit are shown. The 
cleaning system is based on pneumatic motor driving of rotating brushes with water injection between them. The drying 
system is based on fluidic concepts and driven by compressed air; studies about Coanda effect were carried on trying to 
extract water directly from wet surface without contact. Computational Fluid Dynamic simulations and experimental 
tests were carried on to validate the models; comparative analysis about performances and fluid consumption are here 
presented. 
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INTRODUCTION 
 

The study and production of robots for domotic 
application is a relatively recent research field. This 
kind of robot is actually in continuous development. 
Huge surface cleaning, and even glass windows or 
building walls is on study in industrial fields with very 
different characteristics and innovations. The robot 
presented in this paper, developed at Politecnico di 
Torino, deals with a field of application not yet studied: 

small sized windows cleaning in domestic environment. 
Such a prototype must present some particular aspect 
that deal with indoor applications; first of all low cost 
and limited complexity. For that reason the robot was 
built with the only degrees of freedom really essential 
and with pneumatic technology. Moreover a cleaning 
unit must have the smallest interference with the 
workspace; then recovering of washing fluid is essential. 
The most important study of this prototype is about an 
innovative drying unit capable to collect detergent and 



avoid spoilt. The unit uses compressed air. By means of 
Coanda effect it generates an air stream on a curved 
surface close to the window; washing fluid is then 
extracted directly from the glass and conveyed for 
further recycling. 
 

STATE OF THE ART IN VERTICAL SURFACE 
CLEANING 

 
A huge amount of robot is used to transport tools and 
operate in remote areas [8] [9]. The state of the art in 
windows cleaning consists mainly in applications over 
huge surfaces [4] [5] [10].  
An innovative robot, developed for cleaning vertical 
walls and smooth surfaces in general, comes from 
Institute for Problem in Mechanics of Russian Science 
Academy [1] ; it consists in a transportation system on 
which can be mounted several technological modules. 
The transporter is a round shaped carter with a wheeled 
platform inside; by mean of electric motors the wheels 
allow it to move in all directions. The main body is 
similar to a turtle and an electric fan provide vacuum 
inside of it; along the perimeter, a gasket permits to hold 
inner pressure preventing air (vacuum) losses and to slip 
on the surface reducing friction. Washing fluid is 
injected near the cleaning unit from a nozzle connected 
to a pump.  
The Institute for Material Sciences, university of 
Hannover and Schmalz, a German company, had 
developed a small robot called Hydra [2] that can climb 
on vertical surfaces; so it may be useful for cleaning 
applications. Four suction cups allows the unit to stick 
on the surface; the motion is demanded to pneumatic 
actuators with polymer made pneumatic cylinders. 
Hydra can overcome obstacles  less than 40 mm 
height; cleaning modules can be connected to the main 
body. 
Another interesting solution is Oktoput, developed to 
clean huge glass surfaces onboard cruise ships; it is 
made of two structures, relatively translating, and can 
travel in all directions. Its mass is approx 140 kg and its 
length is about 1 m; the main power source is electric, 
carried by  a 220 V cable. It can move at an average 
speed of 1 m/min carrying an efficient cleaning unit 
based on rotating brushes; the grip is assured by eight 
suction cups of approx 30 cm diameter each.  
The robot developed at the Technical University of 
Turin is based, as the others, on vacuum cups, but its 
main characteristics  are an extremely simple motion 
system and an innovative cleaning unit; it can recycle 
the cleaning fluid with a vacuum recovery unit based on 
Coanda Effect. 

 
STRUCTURE OF THE ROBOT 

 
The robot workspace will be a window, so in order to 
define an example of structure it was simplified as a 

vertical, rectangular shaped, surface approx 1 by 1.5 
meters wide; the unit will have to describe the whole 
space during operation following a defined path. The 
active degrees of freedom are limited to two, moreover 
a self aligning system keeps the robot in vertical 
position; so the motion system allows the robot to climb 
vertically and translate side by side. Then the self 
alignment equipment provides a further passive degree 
of freedom. The cleaning operation does not require 
particular displacement precision, so a step motion can 
give enough mobility combined with a simple structure 
and control; for these reason a Cartesian structure with 
pneumatic linear actuators was designed. In figure 1 the 
kinematics is shown: by extending and retracting legs 
the robot is able to move in both directions step by step. 
 

 
 
Figure 1: Motion sequence for Y direction , alternative 

translation of body and legs allows climbing 
 
The march direction need to be held parallel to the 
external structure of the window so the easier solution is 
to suspend the robot like a pendulum: by rotating the 
body around the upper cylinder it is able to gain a 
vertical displacement even if it is hanged to the surface 
in a wrong way. The first group of vacuum cups is 
mounted on an I shaped frame with an hollow arc of 
circle, shown in figure 2, that acts as a circular guide; it 
permits relative rotation between frame and robot body 
of approx 10 degrees. 
 
 

 
 

Figure 2: The robot on a Plexiglas window, rear view 
 that shows the self alignment in action. 



The main body consists in four pneumatic cylinders, 
mounted at a 90 degrees angle, that allows horizontal X 
and vertical Y motion; the four cylinders are integrated 
on a central rectangular shaped structure in aluminum. 
In that way, by using cylinders as structural elements, 
this compact very light structure can be used to mount 
cleaning elements or water nozzles; pneumatic actuation 
allow to fully integrate motors (cylinders) in the whole 
system in a perfect synergy between actuation and 
structural elements. Moreover pneumatics guarantee a 
good reliability with relatively less maintenance and is 
very cheap; for these reason it was chosen as the best 
technology for the application. The motion unit can be 
completed with different implements, so the available 
fields of operation are extended to all the situations in 
which transportation of tools might be required; for this 
goal the structure presents free spaces in the whole body 
and a maxim payload of approx 50% of total mass. 
In figure 3 the whole robot is shown during a test on a 
plastic surface. The side legs are visible during 
extension; on every suction cup there is a pneumatic 
ejector that generates vacuum. 
 
 

 
 

Figure 3: The motion system during a test  
on a vertical plastic surface. 

 
In order to move the robot along a vertical glass surface, 
the grip must be firmly and safely assured. Variable 
forces tend to disengage the unit: as robot mass, that is 
approx 3 kg; payload due to tools and supply cables; 
external reaction forces due to particular working. The 
grip unit consists in eight suction cups.  
To assure a correct engage, a wide range of suction cups 

was analyzed in order to find the best solution. The 
working environment is the main factor that influences 
suction cup material: the cup will be working in an 
extremely wet condition, water and detergent fluid will 
affect grip performances and weariness resistance. An 
eventual slip may cause vacuum losses and the whole 
grip system might become ineffective. The most 
suitable cup for our application is made in polyurethane 
with oversized gasket and a diameter of 35 mm. These 
particular cups do not leave impressions even on 
extremely smooth surfaces, so during operation the 
robot will not leave any sign. 

 
COANDA EFFECT DRYER 

 
The robot was designed to wash and clean glass 
surfaces, so it must be able to leave the surface clean 
and dry; moreover the indoor application requires less 
interactions with the environment. Using brushes and 
water may cause spoilt of fluid and such event does not 
happen; for this goal a system able to collect all used 
water and eventually recycle it was studied. The 
application of Coanda effect leads to a unit based on a 
surface, like an aircraft wing, on which an high speed 
air stream can stick and therefore be driven in a given 
direction; [7] the air stream, running close to the glass 
surface, extract water directly and launches it in a 
direction expected to be perpendicular. Due to the robot 
structure  it can move on the surface in two direction, 
so the dryer must be able to operate according to the 
motion; in order to keep the surface clean the drying 
system will be designed as a rectangular line around the 
main body. Every side of this rectangle is made of a 
single drying element; in that way the correct drying in 
every direction is granted. 
In order to design the unit a numerical analysis was 
carried on. Given its workspace, the dryer is assumed to 
be a wing shaped element; so a circular hollow body 
was designed, with a line shaped outlet that permits to 
drive air from inside to the external surface. 
 

 
 

Figure 4: Section of the first prototype. 



After having defined a profile section, the volume to be 
studied is obtained from. Given the solid geometry the 
mesh is constructed with particular care;  therefore the 
simulation has been carried out in three dimensions, 
since some 2D tests, limited to the profile section have 
given poor results. The volume object of simulation 
spreads around the unit.  The program simulates fluid 
behavior in a cylinder 25 mm diameter around the tube;  
beyond this distance the effects due to the wall are 
negligible. In figure 5 the section geometry with linear 
dimensions is shown. 
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Figure 5:Geometry of the model. 

 
The section, named Pressure Inlet is the system input. 
The program sets up the pressure in these points as a 
contour condition; that will be called supply pressure. 
The mass flow in that particular section will be called 
supply air flow and is the effective fluid consumption of 
the object. The section has subsequently been extruded 
to obtain a profile of 35 mm length. In order to better 
evaluate sensitive areas, such as the external curved 
surface, the mesh has a variable size and is more 
accurate near the surface. Proceeding that way may be 
useful in every area in which velocity gradient is 
supposed to be higher; so the calculation is more 
accurate only where required and in less important areas 
the separation is wider. The picture of figure 6 shows a 
trace of the mesh; in the lowest part there is a line that 
in solid model represents a wall. To be noticed a more 
accurate grid between wall and dryer, in that way the 
interaction between dryer and glass surface will be 
analyzed with particular care to the distance. 
 
 
 
 

 
 

Figure 6: Variable sized mesh. 
 
This model was simulated with pressure supply levels 
between 0.1 and 0.8 bar; increasing the pressure a first 
evaluation of air speed is obtained. From these results it 
is clear that with supply pressure above 0.4 bar the flow 
has a great Reynolds number and becomes turbulent. In 
that case the viscous model K-epsilon is used. The 
results can be represented by graphics. For example air 
velocity may be represented in a 2D graphic along a 
section, as shown in figure 7: in that case the pressure 
supply is set to 0.4 bar and the mass flow rate is about 
220 g/min. 
 
 

 
 

Fig.7 : 2D velocity magnitude plot  
at supply pressure of 0.4 bar. 

 
 
 
 
 



From the figure it can be noticed that in the area next to 
the wall the velocity presents a maximum; so in these 
area the airflow is effectively stuck on the surface 
according to Coanda’s theory. Moreover downside of 
the supply area, between glass surface and the lowest 
part of the dryer, the flow is particularly intense with an 
airspeed of 90 m/s. This is the most interesting aspect 
because in this area the water extraction effect is 
generated. After having analyzed the obtained results it 
was possible to define a useful profile. A good 
combination between tube diameter ad inlet thickness 
was defined in order to guarantee an high airspeed. 
The theoretical profile was subsequently realized and a 
first prototype was obtained for experimental tests. In 
order to validate the model the supply air consumption 
was evaluated, this is an important characteristic that 
deals with energy requirements of the system. For this 
proposal a series of simulations was conducted with 
variable levels of supply pressure and theoretical data 
about air consumption were obtained. The air 
consumption of the prototype is evaluated by giving it a 
defined supply pressure, then measuring the mass flow 
rate with a ROTA flow meter at different level of 
pressure. In figure 8 experimental data of air 
consumption, in g/min, are compared with simulation. 
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Fig.8 : Air consumption vs supply pressure, 
experimental data compared with simulation 

 
As noticeable from the figure, experimental data are 
slightly higher than simulated. The difference between 
these data increases with supply pressure. This effect is 
probably caused by the enlargement of inlet section; it is 
due to the strain of the tube subjected to pressure.  
The prototype was subsequently integrated onboard and 
preliminary evaluation tests were conducted. 
The first results are encouraging; the robot climbs on an 
extremely wet surface and the drying unit extract water 
leaving glass properly clean and dry. 

CONCLUSIONS 
 

A prototype of a working robot was designed and tested. 
A Coanda dryer was produced with satisfactory results. 
Further activities will be carried on to improve the 
drying capability. In particular a deeper analysis of this 
application of Coanda effect is required, regarding the 
geometry, with the goal of reducing supply air 
consumption maintaining the drying skills. 
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INTRODUCTION 

 
A fully electronically controllable valve-actuator has a 
potential not to improve volumetric efficiency of intake or 
exhaust gas exchange, but to present variable compression 
ratio. An electro-hydraulic actuator(1) has a feature of high 
force density but motion speed is usually not so quick at a 
limited power compared to an electro-magnetic actuator(2). 
This paper describes a new trial of a hydro-mechanical 
position servo actuator that improves speed and efficiency for 
a 2800rpm cam less engine. The actuator positions the valve 
without any electronic position sensor by using a new type of 
hydraulic piston with feedback slot, and this makes it 
possible to reduce the landing velocity. This type of actuator 
falls into unstable at a design of too small under lap of the 
feedback slot and high-pressure operation. The stability is 
 

 
examined by linear theory first, and more detail design 
parameters are fixed by using bond graphs analysis. It 
clarifies power waste and landing speed simultaneously by 
simple expression. The prototype is designed to actuate a 
valve of 430g mass, 12mm in displacement within delay of 
18ms, and to close the valve within the landing velocity of 
0.2m/s at a control pressure of 14MPa. 
 

HYDRO-MECHANICAL POSITION CONTROL 
ACTUATOR 

 
A schematic view of the pilot operated hydraulic piston with 
feedback slot is shown in Fig.1. The sectional area of the 
upper chamber is smaller than the pilot one, and it closes the 
valve stationary by high-pressure fluid through the slot. The 
piston opens when the pressure in the pilot chamber is 
reduced by opening the pilot valve. The flow rate from the 
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pilot valve and the feedback slot should be balanced, and 
then the piston is stopped at a settled pilot valve opening 
because the slot is designed to have a opening area in 
proportion to the piston displacement. 
 

LANDIMG VELOCITY CONTROL 
 
Linear analysis is important for over viewing the dynamics 
of the actuator. The piston motion is expressed by 

dccsss FPAPAxk
dt
dxb

dt
xdm −−=++2

2
  (1) (1) 

where m, b and ks are equivalent mass, damping coefficient 
and spring constant, As and Ac are cross sectional areas of 
piston, and Ps and Pc are constant supply pressure and control 
pressure in the pilot chamber. 
The continuity of fluid flow in the pilot chamber including 
fluid compressibility is expressed by  

    dt
dP

K
V

dt
dxAQQ cc

cpc =+−
 (2) 

where the pilot flow rate Qp is expressed by  

cpdpp PACQ
ρ
2

=        (3) (3) 

Flow rate from the feedback slot Qc by 

     

)(2
csxdcc PPSCQ −=

ρ
 (4) 

where the opening area of the feedback slot Sx is given by 

θcos)( lcxx xxWaS += .    (4) 

Wc is the width of the feedback-slot and ax is the area gain 
expressed by depth against stroke, � is slope angle of slot, 
and xl is under lap of opening slot at valve closure. 
Linearlized flow characteristics of pilot valve in Eq.(3) and 
slot (4) are expressed by 

ccppqpp PkxkQ +=  (5) 

cccqcc PkxkQ −=     (6) 

where kqp,kqc are flow gains, and kcp,kcc are pressure–flow  
coefficients. The linearlized flow continuity is 

dt
dP

K
V

dt
dxAPkxkPkxk cc

cccppqpcccqc =+−−−  (7) 

Laplace transformed formula of valve motion and flow  
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Fig.1 Schematic view of the sensor-less valve actuator with 
a hydro-mechanical feedback slot 

 
continuity are expressed by 

( ) pqpcqcc
c

cpcc xkxsAkPs
K
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++  (8) 

( ) dccsss FPAxkbm −−=++2 .   (9) 

The block diagram of the valve actuator is described in Fig.2, 
where parameters are expressed as follows. 
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The stability limit of this mechanism is expressed by using 
Hurwitz criteria. 
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where α=kskce/(kqcAc), Tv=Vc/(Kkce) and Tc=Ac/kqc 

Evaluating the stability of Eq.12, we can get Tv = 1.31x10-9 
(s), Tc = 5.56x10-3 (s) and Tc / Tv >1, so that the Eq.12 is 
always realized. 
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Fig.2 Block diagram of the electro-hydraulic valve actuator 
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    BOND GRAPHS ANALYSIS AND EXPERIMENT  
 
Valve landing-velocity and power waste are examined by 
using bond graph analysis in this section. 
Bond graphs of the actuator    A single bond expresses two 
physical meanings of flow and effort that denote a 
combination of velocity and force in mechanical elements, or 
flow-rate and pressure in hydraulic elements. Figure 3 
expresses the bond graph of the actuator. The discharge flow 
SF (Qs) from a pump is regulated by a relief valve R 
(resistance) through the hydraulic accumulator C 
(capacitance), and pressurized fluid is flown into the pilot 
valve R through the feedback slot R. The opening area of the 
feedback-slot R is expressed by a linear function of the 
actuator displacement in the mechanical spring C (ks). 
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Fig.3 Bond graphs of the electro-hydraulic valve actuator 
operated by a switching pilot valve 

Effect of mass on the response and landing speed   Figure 
4 simulates the effect of mass on the response and landing 
velocities at a limited design of flow rate 6.7L/min and 
pressure 14MPa. We can see that the opening delay is a 
shortly improved by using lighter mass of 200g from 430g. 
Figure 5 shows also a simulated result of the velocity and 
flow-rate for positioning the 430g-actuator. The actuator is 
decelerated within 0.2m/s at landing. 
 
Comparison of bond graphs analysis and measurement   
Figure 6 shows a comparison of bond graphs analysis and 
measurement of the step response x of the 430g-actuator. The 
high speed switching pilot valve is operated within lag time 
of 0.8ms by using an electric quick driver (3). The actual 
landing of the actuator is decelerated strongly at x= –0.5mm 
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Fig.4 Effect of mass on the step response of the valve 

actuator by Bond Graphs Analysis at Ps = 14MPa 
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(a) Flow rate from the inlet port 
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(b) Valve landing velocity 

Fig.5 Flow rate (a) and valve landing velocity (b) by Bond 
Graphs Analysis at Ps = 14MPa 

 
that will be caused by the reduction of the discharge 
coefficient of the feedback slot at a high pressure control. 
Figure 7 is a calculated example of using the reduced 
discharge coefficient from 0.7 to 0.2 at x= –0.5mm. 
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Fig.6 Comparison of the measurement and Bond Graphs 

Analysis of the valve motion at Ps=14MPa. 
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Fig.7 The strong deceleration of the landing velocity at 

x=-0.5mm is explained by the reduction of the flow 
coefficient of the feedback slot from 0.7 to 0.2 in the 
bond graphs analysis. 

 
Displacement control by pressure   The valve lift is 
influenced by the supply pressure due to the valve spring. 
The spring is used to close the valve at normal condition. 
Figure 8 shows experimental results of the effect of the 
supply pressure on the lift. The lift changes from 6.8mm at 
10MPa to 12mm at 14MPa linearly. This means that the lift 
is also controllable by the pressure besides the pilot valve 
opening.. 
 
Response speed measurement  Figure 9 shows 
measurement of frequency response of the actuator at the 
fixed valve opening crank angle of 120 degrees. The 
frequencies of 6, 12 and 18 Hz are equivalent to engine 
rotational speeds of 700, 1400 and 2100 rpm. The valve 
actuator opens 12mm in stroke and closes at a regulated 
landing speed. The actuator is difficult to work over the 
engine rotational-speed of 2800 rpm at a limited hydraulic 
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Fig.8 Measurements of the effect of the supply pressure on 

the valve lift 
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Fig 9 Measurement of step responses at three cyclic 

frequencies (We can see that all of the landing 
velocities are decelerated. Frequencies correspond to 
the engine rotational speeds of 700, 1400 and 
2100rpm.) 

 
power; however using high power-source in addition to 
larger pilot valve will solve this limit. 
Landing velocity control by two pulse command  The 
landing velocity is also controlled by using two-pulse 
command for strong deceleration. The pilot valve is opened 
again in a short time before landing as shown in Fig.10. We 
can see that the landing velocity becomes under 0.1mm/s. 
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Fig.10 Measurement of the landing velocity deceleration by 
the two-pulse control 

 
Figure 11 shows a quick response test result by using 2 
switching valves per piston, which makes it possible to 
work the engine at a maximum rotational speed of 
2400rpm  
 

 
Fig.11 Quick response test by using 2 switching valves per 
piston for working the engine at a maximum rotational 
speed of 2400rpm 
 
MESUREMENT OF VOLUMETRIC EFFICIENCY 

OF THE ACTUATOR 
 
This actuator is controlled by a half-bridge hydraulic-circuit 
for saving the hydraulic power-waste. The loss is caused only 
by the piston leakage, which is measured as shown in Fig.12. 
The volumetric efficiency is given by the volume of leakage 
against that of one stroke of the piston 
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Fig.12 Measurement of volumetric efficiency of hydraulic 

valve actuator 
 

CONCLUSION 
 

A newly designed hydro-mechanical position-servo 
electro-hydraulic valve actuator for a cam-less engine is 
proposed. The piston is positioned by balancing the flow rate 
of the feedback slot and the pilot valve. The feedback slot is 
designed to be open the area in proportion to the piston 
displacement. This mechanism succeeds to decelerate the 
landing velocity of 0.2m/s at a working speed of 1.0m/s for 
valve lift of 12mm by the single pulse control, and to actuate 
the valve at a volumetric efficiency of 95% at lag times of 
opening 18ms and closing 8ms, that is possible to work at an 
equivalent engine rotational speed of 2100rpm. The actuator 
is energized by the hydraulic power source of flow-rate of 
6.7L/min and pressure of 14MPa. A pair of intake- and 
exhaust-valve actuators is shown in Photo.1, and their 
outlook of mounting on a 6-cylinder 12L displacement 
engine. head in Photo 2.. 
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Photo.1 Electro-hydraulic valve actuator for gas exchange 
valve operated by high speed switching valves 

 

 
Photo 2 Valve actuators mounted on a 12L engine head 
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ABSTRACT 
 
In the study on the braking system, the inertia simulator is necessary, which is generally realized by inertia plate. Its 
advantage is simple and accurate, whereas the disadvantage is the larger volume and difficult to be adjusted. This paper 
presents a novel scheme, which is realized by hydrostatic secondary control circuit. The inertia can be increased and 
decreased by electro-hydraulic servo control through momentum feedback, in which a dual variable servo pump is 
adopted, with the velocity and torque feedback loops applied. In the beginning, it is set as speed control mode until it 
reaches the braking speed. Meanwhile, it turns to the sate of inertia simulator, which is the torque control mode, so as to 
keep the inertia as set value. 
The function of inertia simulation system based on hydrostatic secondary control is to simulate the momentum, which is 
realized by momentum feedback control, and it can be calculated through accelerator and desired inertia. The variable 
pump is driven by constant pressure network, and the variable swashplate is controlled through servo valve. The torque 
feedback and speed feedback guarantee the control performance requirements. Since there are some problems of 
nonlinearity, instability, strength friction, etc. a hybrid fuzzy control method are adopted to get higher dynamic control 
precise and steady characteristics. It is concluded that the scheme and control method is available and validity. 
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NOMENCLATURE 
 

*J : simulated inertia; 

Lθ : angle of load; 

DK : radian displacement coefficient; 

PK : system pressure; 

mJ : secondary unit inertia; 

LJ : inertia of load; 

FK : torque sensor coefficient; 

mB : secondary unit damping constant; 

mG : torque sensor elastic ratio; 

ϕ& : Swash speed; 

T : torque; 

mθ : angle of secondary unit 

 
INTRODUCTION 

 
By now, Antiskid Brake System (ABS) has been widely 
used in aeronautics, automobile and other fields. During 
the research and development, it is necessary to 
implement the braking tests in order to get optimal 
performance and designation parameters [5]. 
The inertia simulation device is needed in the test, which 
is used to simulate the real mass of the aircraft or 
automobile so as to obtain the inertia of tested system [4]. 
Conventionally, equivalent inertia plate is adopted, 
which is simple and accurate while the volume is large. 
So it is difficult to adjust the inertia smoothly in any 
direction according to the actual requirement. 
Using hydrostatic secondary control circuit, the inertia 
can be increased and decreased smoothly by 

electro-hydraulic servo control through momentum 
feedback, in which a dual variable servo pump is adopted, 
with the velocity and torque feedback loops applied. In 
the beginning, it is set as speed control mode until it 
reaches the braking speed. Meanwhile, it turns to the sate 
of inertia simulator, which is the torque control mode, so 
as to keep the inertia as set value. 
Secondary control is defined as the regulation of 
secondary component in constant pressure network. In 
the application, the system pressure is not always 
absolutely constant, considering the dynamic 
characteristics of oil source, pressure storage device and 
the disturbance of other factors to oil source. Hydrostatic 
secondary control system can work in four quadrants, 
that is, it can work in pump condition as well as motor 
condition. The energy losing is little and it can be 
recycled, besides, it is not sensitive to load variation. 
Domestically or aboard, closed loop speed regulation is 
usually carried out by secondary control, and this is the 
speed control mode of inertia simulation. Now, some 
torque servo system based on this theory appears, such as 
load simulator[1，2], and its maximal advantage is no 
extraneous torque, which means that it is not sensitive to 
load variation. Therefore, during braking test, there is 
little disturbance to output torque for braking pressure 
change. 

 
SYSTEM ANALYSIS 

 
The function of inertia simulation system based on 
hydrostatic secondary control is to simulate the 
momentum, which is realized by momentum feedback 
control, and it can be calculated through accelerator and 
desired inertia. The inertia simulation system is shown in 
Fig.1. Secondary control inertia simulation a kind of 
electro-hydraulic torque servo control system, in which 
the output torque is adjusted by the regulation of the 
swashplate angle in constant pressure network. In Fig.1, 
the inertia plate is used to simulate the road surface, and 
driven by secondary component output shaft. The two 
systems interfere with each other. 
In order to work on the state of torque and velocity 
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feedback, the torque sensor and velocity sensor are 
amounted on the pump output shaft with a connected 
small inertia plate against braking disc, which is of mid 
value of the inertial simulated. Output torque and 
swashplate angle are fed to control computer by A/D, 
and the control computer controls the servo valve and 
actuator by given control law, so as to control the torque. 
In the testing system, the computer still to gather the 

velocities of inertia plate and tyre wheel simultaneously 
in order to simulate the ABS under real condition. 
Pressure sensor is mounted for the sake of the variation 
observation of system pressure. Oil system’s constant 
pressure must be regarded to guarantee the dynamic 
performance of system, so the fixed quantity pump and 
overflow valve system of wide frequency is adopted. 

 
 
 

 
 

Fig.1. Diagram of Inertia Simulation System Based on Secondary Control
     

CONTROLLER DESIGNATION 
 

The inertia simulator based on secondary control is not a 
complicated multi-variables coupling system, but there 
are certain nonlinearity and time varying characteristics 
in it. For instance, inertia simulation based acceleration 
signal of system presence delay，causing fluctuation of 
inertia torque，influencing system dynamic performance；
the servo valve flux is the nonlinear function of oil 
pressure, load pressure and the valve core displacement, 
and it has a great effect on forward magnification 
coefficient of servo system; Furthermore, with the 
increasing simulation time, the oil temperature variation 

induces the transformations of viscidity and elasticity, 
and this represents the time varying characteristic of 
system. Under this circumstance, the precise 
mathematical model is difficult to be obtained. 
Fuzzy controller can’t study by itself and eliminate the 
steady state error, but its implementation is very 
convenient for its simpleness, also it can improve the 
system robust effectively. 
The integral control can be introduced in the controller in 
order to improve the steady state performance, which can 
eliminate the steady state error, but the dynamic response 
is slow, so integration [3] of PID controller and Fuzzy 
controller constitutes Fuzzy-PID compound controller to 
improve the steady state performance of Fuzzy controller, 
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which is shown in Fig.2. 
In the big error range, it adopts fuzzy control, and in 
small error range uses PID control. The conversion 
between two controls is automatically carried out by 

command programmed in advance. The conversion 
method includes direct switch, straight line switch and 
exponential switch, etc. 

 
 
 

 
 

Fig.2. Diagram of Fuzzy PID Controller 

In Fig.2 ( 1 2, , )f u u e  is transition function of Fuzzy 

control and PID control. According to current error, to 
determine the controlled output ,  is a certain 
integration of  and . According to the three 
conversion methods mentioned above, can be 

calculated as follows. 
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Namely, if absolute value of error is less than a certain 

set value, the system uses the PID controller output, 
otherwise, uses the Fuzzy controller output. In the 
formula,  0α >  is the threshold. 
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Namely, if absolute value of error is larger than a certain 
set value, the system uses the Fuzzy controller output, 
otherwise, uses the linear integration of the two 
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controllers as the ultimate output. In the output, the 
proportions of each controller is determined by 
coefficient , where,  is conversion threshold. ek max 0e >

( )( ) ( )eueuu αα −+−−= expexp1 21         (3) 

This method doesn’t need to set threshold. It uses 
exponential relation to integrate from zero to infinite. 
The change speed along the exponential curve is 
determined byα . α is the larger, change is the steeper.  

 
SIMULATION ANALSIS 
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Fig 3. Velocity with or without inertia simulator 
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Fig 4. Acceleration with or without inertia simulator 

Using the method mentioned above, some 
simulations are done. Firstly, the inertia plate is 
initialized to a velocity of 500rpm. After 1 second, 
change the braking torque to 100Nm directly like a step. 
While the inertia simulator is used, the total inertia is 
greater than the one which inertia simulator is not used. 
So the simulator suppresses the deceleration by reduce 
acceleration to a small constant of about 37Nm quickly. 
See figure 3 and figure 4. 

In this case, the actual inertia changes sharply to the 
expected value with a little over shoot, so does the torque 
control performance, which the actual torque reaches the 
expected one. See figure 5 and figure 6. 
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Fig 5. The actual inertia 
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Fig 6. Torque tracing 
Brake gradually  
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Here, the inertia plate is initialized to a velocity of 
500rpm. After 1 second, change the braking torque by 
adding 10Nm per second. While the inertia simulator is 
used, the total inertia is greater than the one which inertia 
simulator is not used. So the simulator suppresses the 
deceleration by reduce acceleration compared to the one 
without inertia simulator. See figure 7 and figure 8. 
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Fig 7 velocity with or without inertia simulator  
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Fig 8. acceleration with or without inertia simulator 
In this case, the actual inertia changes sharply to the 
expected value with no over shoot. And the actual torque 
traces the expected one well. See figure 9 and figure 10. 
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Fig 9 actual inertia 
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Fig 10. torque control performance 
 

CONCLUSION 
 

For the complex structure, nonlinear and mathematical 
model complexity of inertia simulation system based on 
secondary control, this paper presents a fuzzy control 
scheme, its structure is simple and performance is fine. 
The scheme characteristics are as follows. 
The torque error and its change are two inputs of fuzzy 
control. The swashplate speed is the third input, and its 
membership function is specially designed to eliminate 
the influence of static friction torque and to minimize the 
time of zero speed; 
Using pressure signal to carry out feed-forward 
compensation, according to the pressure change to adjust 
the system output gain so as to compensate the torque 
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fluctuation; 
Integrating Fuzzy Controller and PID Controller 
organically, and using exponential conversion method to 
regulate the ultimate output proportion of two 
controllers. 
The experiment results show that the control effect of 
fuzzy controller is fine, the system exceedance is small, 
and the response is rapid. It is also indicated that is 
necessary to introduce Fuzzy-PID control to eliminate 
steady error and minish dead area, and also necessary to 
introduce pressure variable gain to restrain the influence 
of pressure fluctuation. 
 

ACKNOWLEDGEMENTS 

 
The author appreciates, the valuable support 

provided by the Teaching and Research Award 
Program for Outstanding Young Teachers in Higher 
Education Institutions of MOE, P.R.C. and China 
Aeronautics Science Foundation (No.04E51013) for 
funding this project. 

 
REFERENCES 

 
1、H.Berg and M Ivantysynova; Design and testing of a 

robust liner controller for secondary controlled 
hydraulic drive, Fluid power and control group, 
Department of Measurement and control, faculty of 
mechanical engineer, the MS April 1999 
page375-386. 

2、Y M Jen, MSc and C B Lee; influence of an 
accumulator on the performance of a hydrostatic 
drive with control of the secondary unit, The MS, 
April 1993 page173-184. 

3、M. Martin, R. Tburton, and G.J. Schoenau, Analysis, 
Design and Compensation of Computer Controlled 
Hydraulic Load Simulator．Proceedings of ASME 
Winter Meeting, November 1992. 

4、W. A. Ragsdale，A GENERIC LANDING GEAR 
DYNAMICS MODEL FOR LASRS++，Unisys 
Corporation, NASA Langley Research Center, 

Hampton, VA 23681-2199. 
5、Jeong-Woo Jeon; Ki-Chang Lee; Don-Ha Hwang; 

Yong-Joo Kim; Development of a dynamic simulator 
for braking performance test of aircraft with anti-skid 
brake system, Industrial Electronics, 2002. ISIE 2002. 
Proceedings of the 2002 IEEE International 
Symposium on Volume 2,  8-11 July 2002 
Page(s):518 - 523 vol.2. 

6、Xu, Z., Taylor, D., Using motion platform as a haptic 
display for virtual inertia simulation. Information 
Visualization, 2003. IV 2003. Proceedings. Seventh 
International Conference on 16-18 July 2003 
Page(s):498 – 504. 

7、Zongxia Jiao, Monika Ivantysynova, Xiaodong Wang, 
Load Simulator Based on Hydrostatic Secondary 
Control Technology, Sept. 2002, 23rd ICAS, 
TORONTO, Canada，pp.346.1~346.9 

100042 joulee 7/7  



100077 Yun 1/6 

 
 
 
 

Electrohydraulic Proportional Metering Valve for Common Rail 
System 

 
 
 

Sonam YUN*, Jae Seop RYU*, Byoung Kyu AHN*, Go Do KIM** and Jung Hyun JO** 
 

* Intelligence and Precision Machinery Research Division, 
Korea Institute of Machinery and Materials(KIMM) 

171 Jang-dong, Yuseong-gu, Daejeon, 305-343 Korea 
(E-mail: ysn688@kimm.re.kr) 

** Technology Institute, SG Servo Inc. 
57-6 Palyong-dong, Chanwon, Kyungnam, 641-846 Korea 

 
 
 

ABSTRACT 
 

In the common rail system with direct injection equipment in diesel engine, a proportional metering valve to control the 
fuel flow into the high pressure pump is used. The proportional solenoid actuator is suitable for metering valve because 
it has a constant attraction force in the control region independently on the stroke position and a fast motion response of 
the plunger. The force characteristics with respect to the stroke of the proportional solenoid actuator is strongly 
depending on the shape of the control cone, but it is difficult to design the control cone. In this paper, a proportional 
solenoid actuator of electrohydraulic proportional metering valve for common rail system was analyzed using finite 
element method and the shape of the control cone of the proportional solenoid actuator was optimized to get the 
constant force in the control region. The analysis results of the optimized proportional solenoid actuator were compared 
with the experimental results of the manufactured one. 
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NOMENCLATURE 
 

L : Control cone length 
tc : Control cone thickness 
W : Width between plunger and bobbin 
Gap : Gap between plunger and control cone 
  

  
INTRODUCTION 

 
This study deals with a low pressure proportional 
metering valve with a proportional solenoid actuator for 
a common rail system of the diesel engine vehicle. This 

actuator is installed at the inlet part of the high pressure 
fuel pump and has the function of controlling the flow 
rate from the low pressure fuel pump. This fuel flow is 
controlled in proportion to the engine RPM. So this 
control operation enables the engine to inject the 
optimal of fuel. Generally, diesel vehicles emit the toxic 
gases including nitrogen and produce noise during 
operation. These problems deteriorate the comport of 
passengers, environmental pollution and energy saving, 
for which a improvement has been required. As the 
solution for the above-mentioned problems, the method, 
which involves the injection of high pressure and 
atomization of fuel, was developed to improve the 
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combustion process of diesel engines used in vehicles. It 
is also very important to optimally control the supply of 
the initial amount of fuel for atomization. However, 
there is further need for the optimal design of a low 
pressure proportional solenoid actuator[1][2]. 
This is a basic study on an optimal method of fuel 
injection and a low pressure proportional metering valve 
with a solenoid actuator[3][4][5]. 
Figure 1 shows a common rail system with a low 
pressure proportional metering valve with a solenoid 
actuator inside, which is the object of this study. 
 

 
Figure 1 Common rail system of diesel engine 

 
DESIGN OF PROPORTIONAL SOLENOID 

ACTUATOR 
 
Figure 2 shows a low pressure proportional metering 
valve for a common rail, consisting of a coil, stationery 
core, plunger and poppet type flow control valve.  
 
 

 

 
Figure 2 proportional metering valve for common rail 

 
2.1 1st design 
Figure 3 shows the proposed solenoid actuator in the 
first step of concept design. The control cone of the 
proportional solenoid plays a vital role of controlling 

attraction force in proportion and its properties have to 
be understood through analysis. During the step of 
concept design, we conducted the analysis by inputting 
the design factors in Table 1 into the drawing of Figure 
3. The specifications were input voltage 12[V], input 
current 1.1[A], and attraction force 10[N]. 
The a) in Figure 4 shows the experimental results when 
there is almost no gap between the control cone and the 
plunger and the thickness of the control cone , tc, was 
fixed at 1.5mm. It was observed that the closer the 
plunger came to the stationary core, the lower the 
attraction force was. The b) of Figure 4 shows the 
experimental results when the thickness of the control 
cone was fixed at 0.5mm but there was no visible effect. 
We believe that it is resulted from the too-large 
magnetic flux leakage generated because there was no 
gap between the plunger and the control cone and 
because the width of the control cone, W, was very 
large[6][7][8]. 
 
 

 
 

Figure 3 Analysis model_1 
 

Table 1 Design parameters for model_1 
 

Item Model_1 Model_1(new)
W 3.0mm 3.0mm 
L 5.6mm 5.6mm 
t c 1.5mm 0.5mm 

 
 

 
a) Model_1 

bobbin 

coil 

core

plunger

Magnetic Force(Model 1) 
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b) Model_1(new) 
 

Figure 4 Analysis result of model_1 
 

2.2 2nd design 
Figure 5 shows new proposed models for compensating 
the attraction force shown in Model_1. Both a) and b) in 
Figure 5, are the experiment results, when conducted 
with the reduced values of control length, L, and width, 
W, compared to those of Model_1. And the b) in Figure 
5 is the result when conducted with the width, W, of less 
than 1mm compared to a) in order to reduce magnetic 
flux leakage. It was confirmed that b) in Figure 6 has 
more excellent properties than a) However, the shape of 
the sealing part was not good in effectively preventing 
leakage and an optimal design technique is needed. 
 
 

 
a) Analysis model_2(L: 3.5mm, W: 2.25mm) 

 

 
b) Analysis model_3(L: 3.0mm, W: 1.25mm) 

 
Figure 5 Proposed model_2 and model_3 

 
 

 

a) Model_2 

 
b) Model_3 

 
Figure 6 Analysis results of model_2 and model_3 

 
2.3 3rd design 
Figure 7 is designed to provide an optimal solenoid 
actuator from the shape in Figure 5, which 
manufacturing condition and seal property were taken 
into consideration. 
 
 

 
 
Figure 7 Final model for proportional solenoid actuator 

 
Table 2 Design parameters for final model 

 
Item Model 2-1, 2-2, 2-3 Model 2-4 Model 2-5
W 2.0mm 1.0mm 2.0mm 
L 5.6mm 3.2mm 5.6mm 
t c 0.5mm 0.5mm 0.25mm 

Gap 0.25mm 0.25mm 0.25mm 

core 
bobbin 

plunger 

core bobbin 

plunger 

bobbin 

coil 

core

plunger

Magnetic Force(Model 
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Figure 8 shows the finite element results analyzed by 
inputting each design factors shown in Table 2. It was 
confirmed that in the case of W= 2.0mm, L= 5.6mm, tc= 
0.25mm, Gap= 0.25mm, high attraction force was gotten 
and was constantly controlled regardless of changes of 
plunger stroke. 
 
 

 

a) Model 2-1, 2-2, 2-3 
 

 

b) Model 2-1, 2-4, 2-5 
 

Figure 8 Analysis results of final models 
 

EXPERIMENTAL RESULTS 
 
3.1 Experimental apparatus 
We made a prototype proportional metering valve with a 
solenoid actuator based on the analysis results in Table 2 
and Figure 8, and in order to verify the actuator’s 
performance, we composed the experimental apparatus 
shown in Figure 9. And then observed the flow and 
pressure property of the solenoid actuator from the 
experimental apparatus. To input the signals into the 
solenoid, we used the PWM controller presently 
embedded in leisure vehicles. Figure 10 is the photo 
view of the experimental apparatus. 
 

 
 

Figure 9 Hydraulic circuit of experimental apparatus 
 
 

 
 

Figure 10 Photo view of experimental apparatus 
 
3.2 Experimental results 
Figure 11 shows the experimental results of the 
prototype. after setting any number of frequency 
inputted into the proportional solenoid actuator, these 
are the results of the pressure of the valve and the flow 
in accordance with the manipulation of duty ratio. First, 
the noise was the least at the 1000Hz PWM signal input, 
but flow and pressure hysteresis were most excellent at 
the 400Hz PWM signal input. Because the reduction of 
the causes of noise to improve comport is an important 
factor in designing a vehicle, there is a need to design a 
valve that has a good performance at high frequencies. 
We believe that a valve precision manufacturing can 
easily solve the problem. 
Figure 12 shows the experimental results of the 2nd 
prototype. The 2nd prototype was precisely 
manufactured with better machinability, which was a 
trouble of the 1st prototype. Therefore, hysteresis at the 
high frequencies was improved, which was a problem of 
the 1st prototype. 
 

Pressure sensor 

Solenoid operated
Directional control valve 

Temp. Sensor 

Stop valve 
Flow meter 

Temp. Sensor Stop valve 
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a) 100Hz PWM signal input 
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b) 400Hz PWM signal input 

 

 
c) 700Hz PWM signal input 
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d) 1000Hz PWM signal input 

 
Figure 11 Experimental results of 1st prototype 
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a) 100Hz PWM signal input 
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b) 400Hz PWM signal input 
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c) 700Hz PWM signal input 

 

 
c) 1000Hz PWM signal input 

 
Figure 12 Experimental results of 2nd prototype 

 
CONCLUSION 

 
In this study, we conducted an analysis of the 
electromagnetic and design of a low pressure 
proportional metering valve with a solenoid actuator 
from a leisure disel vehicle applied to a common rail 
system, and we verified its performance by 
manufacturing it. The comparative factors such as noise, 
flow and pressure hysteresis depend on the given 
conditions of the PWM signal. It was verified that these 
problems could be easily solved through a precision 
process. In addition, the results of this study can be 
utilized in developing and improving the proportional 
metering valve with a solenoid actuator for the common 
rail system. 
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ABSTRACT 

This paper presents a comparison of the energetic consumption of a valveless and a valve controlled active oscilla-
tion damping system for off-road machinery. Today only passive oscillation damping systems are subject to off-road 
machine series production. These systems offer the advantage of no additional primary energy use for damping. How-
ever, the disadvantages are the high costs and no adaptation possibility to the operating parameters. The recent devel-
opments where valve controlled linear actuators have been used for active damping had to face several problems with 
too low dynamics of today’s implemented control valves and the high additional energy need. These disadvantages can 
be avoided by using valveless linear actuators for working functions and for active damping. In fact, throttling losses 
are omitted and, energy recovery is possible. It will be shown based on measurement and simulation results that a suit-
able damping quality can be achieved with valveless linear actuators. Therefore, some aspects of the controller design 
will be given. Hereby, a simple acceleration sensor and standard control hardware are used. The main part will describe 
the energetic modelling, whereby especially precise pump loss models have been developed. The energy consumption 
of both systems performing active damping is compared in detail. 
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NOMENCLATURE 

AK cylinder area [m2] 
CH hydraulic capacity [m5/N] 
cuc spring constant, undercarriage [N/m] 
duc damping constant, undercarriage [Ns/m] 
mB boom mass [kg] 
mL load mass [kg] 
mCh chassis mass [kg] 
MS pump torque losses [Nm] 
n pump speed [rpm] 
Q volume flow [m3/s] 

Vi displacement volume [cm3/s] 
y cabin vertical position [m] 
φ boom angular position [°] 

1 - INTRODUCTION 

In today’s off-road machines – especially mobile ma-
chines capable of driving at fairly high speeds of up to 40 
km/h like wheel loaders – oscillating accelerations at the 
cabin and at the boom structure represent an important 
factor limiting the machines productivity and the operator 
comfort. The accelerations have their source in forces 
introduced into the machine structure from the ground 
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through the low damped wheels and undercarriage (Fig. 
1). The accelerations lead to two major problems: a com-
fort problem for the driver in the cabin and a safety prob-
lem for the load transported by the machine (Fig. 2). 
Both problems lead to a reduction of the drive speed of 
the machine in case the acceleration grows beyond cer-
tain limits.  

Currently, three hydraulic system concepts focussed 
on the reduction of the oscillating acceleration in mobile 
working machines exist. The most basic and widely im-
plemented concept is a passive solution where the high 
pressure side of the hydraulic working actuators is con-
nected by simple switch valves with high pressure hydro-
pneumatic accumulators and shut off from the rest of the 
hydraulic circuit (e.g. Drake and Jaecks, 1991; Hosseini, 
1992; Ufheil and Rector, 1996; etc.). This concept has 
the advantage of no additional primary energy necessary 
for the additional damping in the system. The disadvan-
tages are the very limited frequency range in which the 
concept produces additional damping and the cost both 
for implementation and maintenance of the high pressure 
accumulators. 

Using the main electrohydraulic valve block of the 
standard hydraulic system, or additional faster valves if 
more bandwidth is necessary (which is often the case), 
active oscillation damping can be implemented in mobile 
machinery (Latour and Biener, 2002; Patel et al, 1999; 
etc.). In this application the controller uses additional 
sensors for acceleration, pressure, force or a combination 
to produce an additional command input for the control 
valve. The oscillation reduction using valve control 
comes at the price of high additional primary energy. 
Valve controlled actuators – usually in combination with 
load sensing controlled pumps – are even for standard 
position control not an energy-efficient concept. For 
active oscillation damping the valve is commanded from 
negative to positive position in short time intervals. As 
soon as the valve is opened energy is lost at the valve 
itself. Using valve control, no energy can be recovered, 
e.g. while lowering a load, this becomes of higher impor-
tance for active damping as all additional energy for this 
task is lost and cannot even partly be reused. All energy 
lost is transformed into heat energy. This energy has to 
be transferred out of the system by additional cooling 
effort.  

Using a hydraulic system concept with a displace-
ment controlled (also pump controlled or valveless) ac-
tuator in closed hydraulic circuit, energy recovery is 
possible. The concept uses the hydraulic pump itself as 
final control element and has proven itself in earlier stud-
ies useful for the high bandwidth demanding task of 
active oscillation damping (Rahmfeld, Ivantysynova and 
Eggers, 2004). This concept has been analysed concern-
ing its energetic behaviour and compared to a standard 
hydraulic system with valve controlled actuator and load 
sensing controlled pump. The results of the analysis and 

the comparison will be presented in the main part of this 
document. 

 

 
 

Fig.  1: Sources for accelerations at the cabin of an off-
road working machine 

 
 

 
 

Fig.  2: Accelerations at the boom structure of a mobile 
working machine 

2 - VALVELESS ACTIVE OSCILLATION DAMP-
ING FOR OFFROAD VEHICLES 

Rahmfeld (2002) developed a hydraulic circuit solu-
tion using single rod cylinders in closed circuit with an 
additional low pressure level to compensate for the dif-
ferent volume flows in and out of the two cylinder cham-
bers (see also Rahmfeld, Ivantysynova and Weber, 2004). 
Using the variable displacement pump as final control 
element, this system has three major advantages over 
today’s standard valve controlled systems: 
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1. higher energy efficiency by omission of throttling 
losses and the possibility of energy recovery, 

2. simplification of the system itself by use of less 
components, 

3. higher dynamic with easier control possible. 
 

Fig. 3 displays the linear valveless actuator concept. 
The single rod cylinders (2) are controlled by the electro-
hydraulic variable displacement pump (1). The pilot 
operated check valves (31, 32) allow volume flow from 
the low pressure line (LP) into the main hydraulic lines 
and back to compensate for the different volume flow in 
and out of the actuator chambers. 

 
 

EDC

control command
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31

32

7

91
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QB, pB

LP

5

2

 
 

Fig.  3: Hydraulic circuit solution: Displacement con-
trolled linear actuator 

 
The low pressure level is equipped with a charge 

pump with fixed displacement volume (4) and a hydro-
pneumatic low-pressure accumulator (5). Maximum low 
pressure is adjusted by a relief valve (7). The main hy-
draulic lines can be locked by two shut-off valves (61 and 
62) and are connected to the low pressure line by two 
pressure relief valves (91 and 92). All required compo-
nents could be integrated in the pump housing. 

In a machine with more than one displacement con-
trolled actuator like for the wheel loader, the low pres-
sure lines can be coupled (Fig. 4) and the number of 
hydraulic system components can be reduced once more. 
Additionally, energy recovered by one displacement 
pump running in motoring mode can be reused by the 
other actuator or the hydrostatic transmission drive (19). 
In this case the energy is transferred through the distrib-
uting gear (17). 

The application of valveless active oscillation damp-
ing has been implemented in a technology demonstrator 
wheel loader (pre-series) machine by Rahmfeld, Ivanty-
synova and Eggers (2004). In this work a wheel loader 
with displacement controlled linear actuators has been 
equipped with two capacitive acceleration sensors at the 
boom structure and at the cabin. This type of sensor 

proved to be cost efficient and as well as comparable to 
pressure sensors. The boom sensor signal could be used 
as input for additional acceleration controller imple-
mented in the electric CAN-bus controller of the machine 
to act directly on the displacement control unit of the 
variable displacement axial piston pump of the lifting 
actuators. The potential of this concept could be demon-
strated in experimental drive tests. 
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low pressure coupling
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Fig.  4: Wheel loader with valveless working functions 
and coupled low pressure level 

 
Within these earlier investigations measurement re-

sults of the electrohydraulic pump were analysed to re-
veal a strong amplitude dependency of the pump dynam-
ics, as it is typical for nonlinear systems. Using these 
measurements a linear pump model could be created  as a 
PT2 transfer element with a damping of Dpump = 0.456 
and the eigenfrequencies for different commanded dis-
placement volume amplitudes as 
 

amplitude 30%:  ωpump = 5.4 Hz = 34 rad/s 
amplitude 12.5 %: ωpump = 7.8 Hz = 49 rad/s 
amplitude 5 %:  ωpump = 9.4 Hz = 59 rad/s 

 
Clearly the amplitude dependency of the pump dy-

namics becomes visible. Although this information may 
be sufficient to create a linear model of the hydraulic 
system and to proceed with a systematic controller de-
sign, these findings show the demand for a nonlinear 
model of the pump and its control system with similar 
behaviour for simulation purposes. 
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3 - CONTROL CONCEPT 

Fig. 5 displays the linear block diagram of the control 
plant consisting of the electrohydraulic pump and the 
single rod cylinders. In case of manual control by the 
driver this system is controlled in open loop (OL) provid-
ing good control quality for the driver. As soon as no 
input it produced through the joystick, the system 
switches to closed loop (CL) maintaining the angular 
position of the boom φ with the help of the position con-
troller. This controller is enhanced with two nonlinear 
compensations for pump speed and kinematic to provide 
nearly maximum controller gain at all operating points. 
To facilitate acceleration control for the boom and the 
cabin of the machine, two additional control loops are 
implemented. The input for the control loops is provided 
by the acceleration sensors at the boom and the cabin. 

 

 
 

Fig.  5: Position and acceleration control loops 
 

 
 

Fig.  6: Linearized block diagram of pump, cylinder, 
boom and cabin 

To be able to design the acceleration controller sys-
tematically, linear models of the control plant and the 
mechanical model of the boom and the cabin have been 
created (Fig. 6). The model with two degrees of freedom 
– angular boom position φ and vertical chassis position y 
– is based on two differential equations: the equation of 
rotational motion around the connecting point between 
chassis and boom: 
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Fig.  7: Boom dynamic model 

 
These equations can be derived by cutting the boom 

structure (Fig. 7) and the chassis model (Fig. 8) free. The 
cylinder force is calculated in this approach as: 

 
( ) ( )L K A B R  F A p p F x mα= − − − x   (3) 

 

 
 

Fig.  8: Chassis dynamic model 
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Using this linearized model, controller up to the 1st 
order have been designed both for cabin and acceleration 
control. In nonlinear simulations good damping quality 
could be achieved using PDT1 controller, significant 
cabin acceleration reduction could not be produced due 
to the simplified cabin model. Selecting the pole of the 
boom acceleration controller near the cabin poles at ap-
proximately 1 rad/s and the zero at the frequency of the 
dominating pole pair of the differential cylinders at 53 
rad/s made amplitude reductions of the acceleration of 
35% possible using a model of the standard pump control 
system. The Bode diagram of the closed acceleration 
control loop can be seen in Fig. 9. 

The energetic evaluation and comparison in this 
document focuses on equivalent acceleration amplitude 
reduction at the boom using the two different system 
solutions: valveless and load-sensing. 

 
 

 
 

Fig.  9: Closed loop bode diagram, 1st order boom accel-
eration control  

 
4 - ENERGETIC MODEL 

To be able to calculate the necessary primary energy 
for a displacement controlled active oscillation (accelera-
tion) damping approach the precise modelling of the 
energy losses of the hydraulic pump (and of the other 
hydraulic components) is crucial. Using displacement 
control, the pump can change between pumping and 
motoring mode. Loss models for the single quadrants of 
such a pump show significantly different behaviour espe-
cially around small displacement volumes. For the task 
of acceleration control the hydraulic pump is commanded 
from positive to negative displacement and vice versa in 
short time intervals. To ensure a smoothly running simu-
lation model for these changes in displacement it is im-
portant to use a loss model with continuous behaviour at 
the operating points with little displacement volume 
and/or pressure difference. 

Figure 10 displays the four single quadrant models of 
the torque losses of an axial piston swash plate type 
pump with a maximum displacement volume of  
75 cm3/rev generated with the program POLYMOD based 

on measurements (markers). POLYMOD represents a 
mathematical interpolation of the measurements by a 
polynomial as a function of pump speed, pressure differ-
ence and displacement for one oil temperature. The 
torque losses (Eq. 4) and the volumetric losses (Eq. 5) of 
the pump are defined trough the coefficients of the poly-
nomials KM and KQ. These coefficients are derived by 
selecting a surface fitting best to the measurement data 
using the method of least squares. The discontinuity be-
comes obvious in this figure. When the measurement data 
of all four quadrants is used for interpolation using PO-
LYMOD a continuous model can be created (Fig. 11). 

The Sankey (energy flow) diagram in Fig. 12 de-
scribes the main loss components of the displacement 
controlled actuator. For this application the electrohy-
draulic pump is the main loss source.  

Furthermore the Sankey diagram demonstrates that the 
energy recovered in the displacement controlled system 
and reused in other actuators reduces the total amount of 
consumed primary energy by the machine and makes it 
more efficient. For this effect, it is assumed that the re-
covered energy at the pump shaft (the pump losses are 
also recovered) is used by other drives in the machine 
system like transmission, steering, braking, etc. 
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Fig.  10: Four combined single quadrant torque  
loss models 
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Fig.  11: Four quadrant torque loss model  
 
 

 
 

Fig.  12: Sankey diagram, displacement control 
 

The loss behaviour of the hydraulic valves has been 
calculated based on the volume flow - pressure drop - 
diagrams issued by the manufacturers. 

 
 
5 - VALVE CONTROLLED ACTIVE DAMPING 
 
A standard open circuit hydraulic concept for active 

damping using valve control as primary and a load sens-
ing controlled pump as secondary control element has 
been used in earlier applications for active oscillation 
damping (Latour and Biener, 2002; Berger and Patel, 
1999; etc.). Fig. 13 compares the basic concept of valve 
and displacement control using simplified circuit dia-
grams. 

 To compare the primary energy necessary to provide 
equivalent damping quality using displacement control as 
well as valve control, additional to the nonlinear model 
of the displacement controlled machine, the model of a 
virtual valve controlled hydraulic system with a load 
sensing controlled pump as secondary control element 
has been developed. The dynamics of the load sensing 
valve have been tuned to produce equivalent damping 
quality as achieved with the displacement controlled 
system. To provide a useful primary position control, the 

load sensing valve itself has been designed with zero 
overlap in contrast to a standard load sensing valve with 
positive overlap. I.e., the load sensing valve is during 
position control always actuated. The pure position con-
trol alone could be done more efficiently by a standard 
load sensing system, however, for active damping the 
valve is always in actuation. 

The Sankey diagram of the valve controlled actuator 
in Fig. 14 demonstrates two important facts compared to 
a displacement controlled system: the system has two 
major loss sources – the pump and the main valve – and 
the consumed primary energy cannot be reduced with the 
help of energy recovery. 

6 - SIMULATION MODEL BASED ON 
MEASUREMENTS 

In earlier measurements (Rahmfeld, Ivantysynova and 
Eggers, 2004) only the quality of displacement controlled 
active damping was looked upon. Drive test were con-
ducted with the focus on the amplitude reduction of oscil-
lations at the boom structure of a wheel loader. The 
measurements left two questions unanswered: how much 
energy is necessary to provide the achieved damping 
quality and how much energy would be necessary by 
using a valve controlled load sensing system? To answer 
these questions a non-linear model of the hydraulic cir-
cuits and its components and a multi-body model of the 
boom structure and the cabin were used in combination 
with measurement based loss models for the hydraulic 
pump and other used components. 

The pump and the remaining components of the hy-
draulic circuit for this simulation system as well as the 
position and acceleration controller have been generated 
as non-linear models in Matlab/Simulink 7.0. The multi-
body models of the boom structure and the cabin have 
been created in Matlab/SimMechanics 2.0 providing the 
tools for a non-linear simulation within one program, 
avoiding a complex co-simulation, see Fig. 15. 

 
 

 
 

Fig.  13: Comparison: Displacement control – Load sens-
ing valve control 
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Fig.  14: Sankey diagram, valve control 
 

The hydraulic circuit has been modelled with closed 
circuit displacement controlled on the one hand and for 
comparison as open circuit load sensing valve controlled. 
In both cases the same pump loss model has been used. 
In case of the valve controlled actuator the pump has 
been equipped with an electro-hydraulic pressure control 
system and a zero-overlap valve with enough bandwidth 
to produce a damping quality similar to the displacement 
controlled system. As multi-body model a model of the 
boom structure with one rotational degree of freedom 
was extended with a basic model of the chassis as a 
mass-spring-damper combination with one translation 
degree of freedom in vertical direction. This model offers 
the possibility to reproduce the accelerations at the cabin 
directly from the measured drive test results by introduc-
ing a force FOsc (Fig. 6, 15) in vertical direction of the 
chassis. The force is generated using the inverted transfer 
function (Eq. 6) of the chassis dynamics and the accelera-
tion measured at the chassis in the drive tests.  
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Fig.  15: Hydro-mechanical simulation using Matlab 
Simulink and SimMechanics 

7 - COMPARISON FOR WHEEL LOADER 
DRIVING MANOUVRE 

 
As basis for the comparison of the two hydraulic con-

cepts concerning their energetic behaviour when used for 
active oscillation damping, the measurements of a drive 
test with deactivated control was selected. With these 
results the natural accelerations at the boom and at the 
cabin could be recreated to be counteracted by the de-
signed acceleration controllers. Within the selected drive 
test the machine was driven over three groups of high 
obstacles (Fig. 16). The drive speed was approximately 
10 km/h. Out of the drive test measurements a 12 s long 
phase was selected to be used as input for the non-linear 
simulation models. The utilized wheel loader has a 
maximum engine power of 82 kW. 

Using the acceleration input and a selected first order 
acceleration controller the effective pump torque has been 
calculated for both system concepts. The calculations 
have been carried out for three different load scenarios: 
unloaded, loaded with 1 ton in the bucket and loaded with 
2.5 ton. Figure 17 shows the effective pump torque of the 
pump for the LS valve controlled and the valveless sys-
tem for the two most extreme load cases. It can be easily 
observed that the pump torque in the displacement con-
trolled system drops below the minimum pump moment – 
indicated by the black horizontal line – as described in 
chapter 4. This means the pump is running in motoring 
mode, compensating for its own losses. 

For an actuator moving not only the boom mass but 
an additional 2.5 ton of load, the pump is not only run-
ning in motoring mode in a high number of time frames 
but the pressure difference is high enough that the pump 
when running in motoring mode can drive other units 
running on the same shaft, i.e. the recovered energy is 
transferred mechanically to other units as steering pump, 
hydrostatic drive or others. Since the active oscillation 
damping will be used mainly while the machine is mov-
ing, it is very probable that the energy can be fully recov-
ered. In fact the energy can be transferred to e.g. the 
transmission drive which will thereby take less torque 
from the combustion engine so that the engine can reduce 
the fuel injection. The engine itself will therefore have to 
produce less primary energy for the system and consume 
less fuel. 
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Fig.  16: Obstacle proving ground for drive tests 
 

The effective pump shaft energy can be calculated us-
ing equation 7. The effective pump shaft torque defined 

by the theoretical torque Mth and the torque losses MS as 
presented in chapter 4 and stated in equation 8. 

  
2   mech e pumpP M n= π    (7) 

e th SM M M= +     (8) 
 
The mechanical work of the pump, running at constant 
speed npump, is calculated by integrating the pump shaft 
energy over the simulation time (Eq. 9).  

 

( ) ( )
0 0

2  
T T

mech mech pump eW P t dt n M t= = π∫ ∫ dt  (9) 

 
 
 
 

 
 

 
 

Fig.  47: Effective pump torque, two load cases (0 ton and 2.5 ton) 
 

Figure 18 demonstrates the amount of primary energy 
consumed by the two compared system solutions for simi-
lar oscillation damping quality both for the position control 
of the boom structure (black) and parallel acting accelera-
tion control (grey). The additional energy used for active 
damping is displayed in this graphic as percent of the en-
ergy amount used for position control. The amount of  

energy saved through recovery in the displacement con-
trolled system is marked in white. In this comparison the 
energetic advantage of the displacement controlled sys-
tem – especially for high load – becomes obvious: a 
lower additional percentage of primary energy is neces-
sary for the damping and a high amount of energy can be 
reused. 
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The simulation results for the three load cases reveal the 
energy amount for the simulation cycle as: 
 
Load Sensing valve controlled 
unloaded:  position control: 37.5 kJ 
 acceleration control: 12.3 kJ (+ 33%) 
2.5 ton load: position control: 65.8 kJ 
 acceleration control: 35.9 kJ (+ 55 %) 
 
Displacement controlled (valveless) 
unloaded:  position control: 22.0 kJ 
 acceleration control: 6.8 kJ (+ 31%) 
 recovered energy: 0.0 kJ (0%) 
2.5 ton load: position control: 26.7 kJ 
 acceleration control: 13.5 kJ (+51%) 
 recovered energy: -12.4 kJ  (92%) 

 
 

 
 

Fig.  18: Consumption of primary energy for position and 
acceleration control, valve control vs. 

 displacement control 

8 - SUMMARY AND CONCLUSION 

To analyze the energetic behaviour of the two different 
drive concepts – load sensing valve control and displace-
ment control – the loss behaviour of the hydraulic compo-
nents of each system has been modelled and a four quad-
rant loss model for the hydraulic pump has been created. 
The models have been used in combination with extensive 
non-linear models of the dynamic behaviour of the hydrau-
lic and the mechanic system to simulate two different sys-
tem concept providing comparable damping quality. The 
simulations based on measurement results were used for an 
analysis of the energetic behaviour. A comparison could be 
carried out revealing strong advantages of the displacement 
controlled actuator especially for high load masses. The 
ability of a displacement controlled system to recover en-
ergy allows the system to reuse a large amount of the en-
ergy used to actively damp the boom structure by running 
the pump in motoring mode. For the first time this has been 
simulated to this extend. 

In a valve controlled system providing similar damping 
quality not only is more energy consumed during the damp-
ing, all energy lost at the valve is converted into heat en-
ergy. This energy has to be transferred out of the system 

with additional cooling and thereby additional energy 
consumption. This investigation proves why valve con-
trolled active damping has not been implemented in se-
ries production off-road machines.  
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ABSTRACT 
 
Performance of a hydraulic piston motor is very difficult to estimate in advance before experiment. But it is highly 
required because, if an efficiency model for performance estimation is already in hands, the model enables one to 
design a hydraulic motor with good efficiency at a designated operating point. Recently such a performance estimation 
model is developed by H.S. Jeong. In this paper, validity and accuracy of the performance model is studied by 
comparison with experimental efficiency test data.  
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NOMENCLATURE 
 

DVNC : discharge coefficient of valve notches 

DPPC : discharge coefficient of piston ports 

wSPC : discharge coefficient of shoe and pistons 

Pf : equivalent friction coefficient of a piston 

vBrpBr ff : friction coefficient of bearings 

Ph : gap height between piston and cylinder 

Sh : gap height of slipper and swash plate 



Vh : gap height of valve plate and cylinder block 

LQ : leak flow rates of each parts 

LM : loss moments of each parts 
n : rotational speed of a motor in rev/min 

gV : geometrical displacement of a hyd. motor 
µ : viscosity of hydraulic oil 

hmv ηη : volumetric, hydro-mechanical efficiency 
 

INTRODUCTION 
 
The hydraulic system is used variously for construction 
heavy equipment, vehicle, ship, aircraft and so on. 
Because it has a great amount of power per load by unit 
and is easy to transfer the large amount of power and it 
is good to realize linear and rotational motion easily. 
The system consists of hydraulic pump generating 
hydraulic power and hydraulic motor converting 
hydraulic energy into mechanical power. These 2 
components are the core element determining the 
efficiency of whole system. 
These hydraulic components are usually operated under 
the unique condition, rotating speed and torque or 
pressure. Therefore, it is very important to select or 
build hydraulic pump and motor which have a high 
efficiency for organizing hydraulic system in the view 
point of energy consumption. 
However, unique efficiency character and maximum 
efficiency point are determined for the model presented 
from manufacturers. Normally, it needs high cost and 
long time to develop new hydraulic pump and motor 
which have the maximum efficiency in the working 
point required for the object system.  
But the requirement of hydraulic power representing the 
high efficiency is still unchanged in the each using area. 
For solving this problem, the research of estimation of 
efficiency characteristics for hydraulic system has been 
progressed in the design stage of hydraulic pump and 
motor by Europe and Korea. 
This paper tries to analyze propriety, accuracy and 
effectiveness of efficiency estimation model from the 
result data of 36cc/rev hydraulic motor for the new 
efficiency estimation model of hydraulic piston motor. 
The preceding studies for the subject are as follows. 
1) ‘Preliminary design of a hydraulic piston motor for 
achieving an user-defined optimal efficiency point (by 
Heon-Sul Jeong) 
2) ‘On the Instantaneous and Average Piston Friction of 
Swash Plate Type Hydraulic Axial Piston Machines (by 
Heon Sul Jeong and Hyoung Eui Kim). 
 
1. MEASURE OF LOSS AND EFFICIENCY OF 

HYDRAULIC MOTOR 
 

1.1 VOLUMETRIC LOSS AND MECHANICAL 

LOSS 
 
Various kinds of losses occur on each element of 
hydraulic piston motor during rotating and 
going-returning movement and interaction with flow. 
These losses could be divided into loss of working oil 
and the loss of hydro-mechanic. At first, loss of 
volumetric flow is described as below. 
There are three contacting point between piston and 
cylinder, slipper and slope and cylinder block and valve 
plate in hydraulic piston motor.  
Poiseulli flow leakage which is proportional to the 
pressure and to the cube of interval is generated through 
the interval between the movement contacting point  
If there is a notch to relieve the pressure variation which 
is occurred when the piston moves between two ports of 
valve plate, then internal leakage is generated and this is 
one of losses. Meanwhile, there is 1% loss of volume in 
the working oil when the 150 bar of pressure is 
increased. This compression of fluid has same effect as 
the reduction of output flow. If the pump is operated 
with high speed, cavitations could be generated and then 
it is corresponded to the loss of volumetric flow 
On the other hand, the examples of hydro-mechanical 
losses are as follows. Fluid lubrication film is formed at 
the contacting point and it has relative movement so that 
Newtonian flow is generated which is in proportional to 
speed and inverse proportional to the interval. The loss 
between piston and cylinder has Coulumb friction 
characteristics in proportional to the pressure variation. 
The slight loss of pressure is one of hydro-mechanical 
losses occurred when the piston moves to piston 
chamber through the two ports on the valve plate. Also 
churning loss generated because cylinder block and 
slipper in the housing filled with working oil rotates at 
high-speed and losses came out from the bearing 
installed at front and rear on input and output axis. They 
are also hydro-mechanical losses. 
 

1.2 MEASUREMENT OF EFFICIENCY 
 
For the measurement of efficiency of hydraulic motor, 
after realizing working area with wide range, rotating 
speed n  and pressure variation p∆ , in accordance 
with the definition of volumetric efficiency and 
mechanical efficiency, we shall measure 6 physical 
quantities like 2121 ,,,,, ppQQnM in each working 
condition. 
 But, there are some considerations and problems for 
measuring and analyzing the subject motor by using this 
method. First, we need to calculate displacement iV  

from the measured data. We can get displacement iV  
as inclination of output flow when the speed is 
increased under the 0=∆p condition. But we can also 



derive it from the efficiency measurement data. If the 
displacement iV  is miscalculated, the efficiency could 

be over 100%. Secondly, external leakage flow LeQ  is 
correlatively small so that flow meter with small 
capacity is needed. Simply, we can suppose 

21 QQQLe −=  but it is difficult to use 21 QQ −  as 
a leakage flow due to the limitation of resolution of flow 
sensor. Third, in the case of calculating the volumetric 
efficiency, it is one of trifle things to decide if 1Q or 

LeQQ +2  or Lei QVn +⋅  as input flow. This is a 
problem related to the accuracy of flow meter used in  
 
 
 

 
 
Meanwhile, it is easy to realize pn ∆− condition as 
lattice type of regular space for understanding the 
efficiency characteristics according to the working area. 
However, this way needs much efforts to realize the 
working area which has exactly equal space. Therefore, 
it is good alternative plan to treat the measurement data 
by 3-dimension curve fitting method. 
 
2. EFFICIENCY MODEL OF HYDRAULIC 

MOTOR 
 

2.1 EXISTED EFFICIENCY MODEL 
 
Mathematical model of hydraulic pump and motor is 
recognized as one of important fields in hydraulic 
engineering. Because, it is important to simulate the 
dynamic characteristics of hydraulic system and it is 
essential to perform the most suitable design of system 
function. 
The model describing the efficiency in the working area 

pn ∆− is divided into polynomial model and 
performance coefficient model. Polynomial model is 
often used for representing the efficiency test data of the 
existed pump and motor mathematically. It expresses  
 
 
 

 
 
the efficiency by polynominal equations with speed.  
n and pressure difference p∆ as an independent 
variable. In case of variable volume type, volumetric 
ratio max/VV=ε is selected as an additional factor.  
Polynomial model is determined by the test data but 
performance coefficient model is the model that 
characteristics coefficient is achieved from the test data 
in mathematical formula based on the physical law. A 
number of efforts has been progressed to make the exact 
efficiency model from the wide-range working area 

Wilson 
cPPd

P
f

P
PP

R
P

sPPPP

MnVCpVCpVM

QpVCnVQ

++
∆

+
∆

=

−
∆

−=

µ
ππ

ε

πµ
ε

22

2

 

Schlosser 

π
ρµ

ππ
ε

ρπµ
ε

422

2
2

23/5

3/2

PP
hPPd

P
f

P
PP

P
P

P
sPPPP

nVCnVCpVCpVM

pCstVpVCnVQ

++
∆

+
∆

=

∆
−

∆
−=

 

Thoma 

ππ
ρµ

ππ
ε

πµ
ε

2422

2
23/5

cPPP
PPd

P
f

P
PP

P
sPPPP

pVnVChnVCpVCpVM

pVCnVQ

+++
∆

+
∆

=

∆
−=

 
Zarotti 
& 
Nevegna )(

))(1()(

)(

9

8

7

65
2

4
321

54
5.12

3
2

21

Cn
C

Cn
CC

p
CpCncCnVpM

VCnpCnpCpCpCnVQ

PP

P

P

P
PPPPPPPP

PPPPPPPPPPP

+
+

+
+

+++++=

+−−−−=

εεεε

εε

 

Dorey 
PPfPPvPPPP

P
r

PPPP
sPPPP

VpCVnCVpM

VVnppVCnVQ

**

* )
2

1(
2

++=

+
+−

∆
−=

µε

ε
βπµ

ε

 

Ryberg 

π
δ

π
ε

π
ε

π
ε

β
εε

πµ
ε

γ 2)/(1
||

2
)(

2
)(

2

)(
2

00
43210

2
4210

*

P

P

LhLP
P

P
P

P
PP

PP
PPP

PPPP
P

sPPPP

V
nn
ppbpVbbpVbbpVM

VapnVaanVapVCnVQ

+
+

+++
∆

++
∆

=

∆−
∆

+−−
∆

−=
 

Table 1 Models of leakage flow and torque loss of hydraulic pump 



since Wilson established the model for leakage flow and 
moment loss in 1948. Huhtala has read that 
unfortunately he couldn’t find any sufficient efficiency 
coefficient model after comparison of accuracy and 
merits and demerits of each model in the range of speed 
500~3000 rpm and pressure 20~210 bar in the existed 
efficiency coefficient model shown as table 1.5) 
 

2.2 NECESSITY OF EFFICIENCY MODEL FOR 
PERFORMANCE ESTIMATION 

 
The efficiency model for performance estimation is the 
model that can estimate the working condition of given 
pump and motor, that is, efficiency in the speed and 
pressure. It should satisfy two conditions to be a useful 
efficiency estimation model. At first, the accuracy of 
efficiency estimation must be guaranteed in the working 
area. And moreover, the efficiency coefficient should be 
expressed as measurable dimensions of pump and 
motor. 
The secure of guaranteed efficiency estimation model 
means that the efficiency characteristics can be 
estimated from the origin of pump and motor, so that it 
also means that we can estimate the efficiency of pump 
and motor in the designing stage without test. Finally, it 
has an important point that we can design the pump and 
motor which have a good efficiency at the point of 
working condition of object system. 
 

2.3 NEW DEVELOPED EFFICIENCY MODEL 
FOR PERFORMANCE ESTIMATION 

 
Under this condition, it can be summarized as follows.6) 
After analyzing the physical law and the construction of 
piston motor, derived leakage flow and friction loss 
torque are as follows. 
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Meanwhile, the definition of volumetric efficiency and 
mechanical efficiency of general hydraulic motor is like 
this,  
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Therefore, the revised efficiency estimation model can 
be summarized as following two equations 
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According to the efficiency estimation model as 
mentioned above, characteristics coefficient of leakage 
flow like 0,,,, LcPPVN QzVCCC ρρµ and characteristics 

coefficient of loss torque like PSPVN KKK ρρµ ,, , 

02 ,, Lpp MKK are expressed by 11 efficiency 
characteristics coefficients. 
 

2.4 FACTORS DETERMINING EFFICIENCY 
 
11 characteristic coefficients of the equation (5) ~ (6) in 
the efficiency model are not be indicated because of the 
paper’s limitation. However, with the standard 
dimensions, the efficiency characteristics are dominated 
by the following 14 efficiency determination factors. 
 
 

Table 2 Factors determining efficiency 
 

Factors Category Factors Symbol 
Interval of 
movement contacting  
point 

VSP hhh  

Friction coefficient vBrpBrPPi ffff 0  

Flow coefficient wSPDPPDVN CCC  

Etc. 002max LLpP MQKV
 
 
Meanwhile, viscosity and density of hydraulic oil and 
volumetric elasticity coefficient can be changed into 
equations expressed by 7 characteristic coefficients as 
follows. 
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At last, the efficiency of hydraulic motor, that is the 
volumetric efficiency and the mechanical efficiency are 
determined by total 14 factors and 7 sub-factors which 
indicate the characteristics of hydraulic oil. 
 
3. TEST ANALYSIS OF PERFORMANCE 

ESTIMATION EFFICIENCY MODEL 
 
We compared and analyzed that the estimation data by 
efficiency test data and performance estimation 
efficiency model for Jeil Hydraulic JMF 36 piston 
motor which has 36cc/rev volume. 
Comparatively, the density of hydraulic oil and bulk 
modulus are less effective and the viscosity has a great 
effect to the efficiency of hydraulic motor. This paper 
supposes that the efficiency determining sub-factors as 
characteristic hydraulic oil are foreknown from the 
proper references related to hydraulic oil. 
 

3.1 RESULT OF EFFICIENCY ESTIMATION 
 
From comparison between the efficiency test data and 
the efficiency model of equation (5) and (6), supposed 
14 efficiency determining factors and the efficiency 
characteristic coefficients calculated from the factors 
can be arranged like the following table. 
 
 

Table 3 Estimated efficiency determining factors and 
efficiency characteristic coefficient 
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The error distribution graph which shows the 
relationship between the measured efficiency and 
efficiency estimation factors in the table 3 is shown in 
the Figure 1 and the average and the maximum error 
also shows very satisfying results like table 4. 
 
 

 
 
Figure 1 Error percentages of the model on efficiencies 

 
 

Table 4 Statistics on performance estimation  
efficiency error 

 
Total efficiency 
Estimation 
Average error 

Volumetric 
Estimation 
Average error 

Mechanical 
Estimation 
Average error 

0.248% 0.291% 0.417% 
Total efficiency 
Estimation 
Max. error 

Volumetric 
Estimation 
Max. error 

Mechanical 
Estimation 
Max. error 

2.371% 1.776% 2.880% 
 
 

3.2 COMPARISON BETWEEN TESTED AND 
ESTIMATED EFFICIENCY 

 
The comparison between measured efficiency and 
estimated volumetric efficiency, mechanical efficiency 
and total efficiency of hydraulic motor from 
performance estimation efficiency model is shown as 
Figure 2 ~ 5. We performed the efficiency test by 
changing pressure and speed. Colored lines indicate 
pressure values in ‘Total efficiency vs. speed’(fig. 2 and 
3) and speed values in ‘Total efficiency vs. pressure’(fig. 
4 and 5). The height of the lines varies according to 
their values. The lines display 250~50 kgf/cm2 of 



pressure in fig. 2 and 3 and likewise, the lines display 
2,500 ~ 300 rpm of speed in fig. 4 and 5. 
 
 

 
 

Figure 2 Total efficiency vs. speed(Experiment) 
 
 

 
 

Figure 3 Total efficiency vs. speed(Calculation) 
 
 

 
 

Figure 4 Total efficiency vs. pressure(Experiment) 
 
 

 
 

Figure 5 Total efficiency with pressure(Calculation) 
 
 
As we can see the above diagrams, even though we 
compared in wide range like 300~2600 rpm speed and 
20~270 bar pressure, the efficiency value of each point 
can be estimated very precisely and at the total point as 
well.  
Meanwhile, we can get the following diagram, if we 
compare the leakage flow and the friction loss torque 
used in the working area. 
 
 

 
 

Figure 6 Predicted error of leakage flow with pressure 
 
 

 
 

Figure 7 Predicted error of leakage flow with speed 
 



 
 

Figure 8 Predicted error of torque loss with pressure 
 
 

 
 

Figure 9 Predicted error of torque loss with speed 
 
 
As we see in the diagram 5, the average of leakage flow 
and the maximum error are respectively 0.128 LPM and 
0.368 LPM. And the average of losing torque and the 
maximum error are respectively 0.428 Nm and 2.461 
Nm. They show a good result. 
Seeing this, we can say that propriety and utility of 
performance estimation efficiency model in equation (5) 
and (6) are confirmed by experiments. 
 

CONCLUSION 
 
It is thought that hydraulic pump and motor must pass 
the efficiency test because, there was no efficiency 
model for hydraulic pump and motor which has 
accuracy in the wide working range. 
But for designing of hydraulic system which has a good 
efficiency, the necessity of the performance estimation 
model from the design stage has been proposed for a 
long time. 
Under this situation, this paper analyzed the propriety 
and utility of performance estimation efficiency model 
from test data of 45 cc/rev hydraulic motor for various 
types of losing elements and new developed 
performance estimation efficiency model.  

The efficiency characteristics of this new model are 
determined by total 14 efficiency determining factors 
with the basic dimensions of pump and motors. And 
after comparing the test data and the performance 
estimation model from the new developed model at the 
rotating speed 300~2600 rpm and pressure 20~270 bar, 
we got the good result of average estimation as 0.248% 
and the maximum error as 2.37%.  
These results are just assumption of efficiency 
determining factors to get the nearest result to the test 
data for estimated efficiency so that we can anticipate 
that it is possible to secure the performance estimation 
efficiency model.  
Henceforth, if we have more elaborative model and 
make a database of efficiency determining factors from 
test data, we suppose that we can estimate the efficiency 
of pump and motor in the near future. Furthermore, we 
assume that it is possible to design and manufacture the 
most effective piston pump and motor in the various 
working condition. 
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ABSTRACT 
 

In mobile hydraulic systems such as commercial vehicles, hydraulic fluids are splashed and agitated in the reservoirs. 
To overcome air entrainment in oils, the overall dimensions should enclose a sufficient volume of oil to permit air 
bubbles to escape passively during the resident time of the fluid in the reservoir. However, in view point of 
environmental compatibility, energy saving, cost saving and safety, one trend in fluid power systems is to be designed in 
a more compact fashion and requiring less fluid in the reservoir. One of the authors has developed a newly device using 
swirl flow for bubble elimination capable of eliminating bubbles and of decreasing dissolved gases. This device is 
called the bubble eliminator. In this paper we focus on the technical issue of oil degradation for the air bubbles and oil 
temperature rise in the reservoir of a test hydraulic circuit. In our experiments, surrounding air is intentionally 
introduced from the oil surface by vibration of the reservoir in the hydraulic circuit. The bubble eliminator solves many 
problems concerning the air entrainment in hydraulic systems. 
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INTRODUCTION 
 

In recent years we are facing technical issues pertaining 
to environmental protection and energy conservation in 
fluid power systems. Because the earth is warming up 
and the cost of energy rising, we have to make a 
paradigm shift in design concept in fluid power 
technology. Engineers often times overlook problems 
caused by bubbles in fluids.  Bubbles in operating 
fluids greatly affect the performance of fluid power 
systems and sometimes cause major problems [1]. For 
instance, temperatures of fluid with bubbles increase 

significantly when the fluid is compressed and passes 
through pumps [2]. Therefore, it is important to 
eliminate bubbles from fluids in order to maintain the 
integrity of high quality products and system. 
One of the authors has developed a newly device using 
swirl flow for bubble elimination capable of eliminating 
bubbles and of decreasing dissolved gases [3][4]. This 
device is called the bubble eliminator. In our previous 
study, we have reported that the developed bubble 
eliminator is useful for preventing oil temperature rising 
as a result of bubbles being under low, moderate and 
high system pressure conditions in the stationary 
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hydraulic systems [2][5]. It has also been confirmed 
through experiments and numerical simulation that the 
bubble eliminator is useful for removing dispersed 
bubbles from the fluid in stationary fluid power 
systems. 
In mobile hydraulic systems such as commercial 
vehicles, hydraulic fluids are splashed and agitated in 
the reservoirs and air is entrained in the hydraulic fluids. 
To overcome air entrainment in oils, the overall 
dimensions should enclose a sufficient volume of oil to 
permit air bubbles to escape passively during the 
resident time of the fluid in the reservoir. However, in 
view point of environmental compatibility, energy 
saving, cost saving and safety, one trend in fluid power 
systems is to be designed in a more compact fashion and 
requiring less fluid in the reservoir. 
In this paper the performance of the developed bubble 
eliminator concerning the effect of preventing the oil 
degradation and reducing the oil temperature rise is 
experimentally investigated. It is experimentally 
verified that the bubble eliminator can solve many 
problems concerning the air entrainment in mobile 
hydraulic systems. 

 
TROUBLES CAUSED BY BUBBLES 

 
Bubbles in fluid power systems are generated when 
dissolved air is released, external air is introduced 
mechanically, improper bleeding is made, there is fluid 
contamination, a reservoir is designed improperly, 
and/or air vents are improperly installed. 
If bubbles are present in hydraulic fluid in a reservoir, 
they may be sucked into a pump whereby the bubbles 
will increase in volume due to pressure decrease at the 
suction line and then be compressed when higher 
pressure is introduced. When bubbles in the fluid are 
compressed adiabatically at high pressure the 
temperature of the bubbles rises significantly and the 
surrounding fluid temperature also rises. In addition to 
these well known phenomena, cavitation may lead to 
formation of reactive chemical intermediates that will 
affect secondary oxidation. Cavitation occurs when 
hydraulic fluid pressure is less than the vapor pressure 
in the fluid. 
Bubbles in fluids greatly influence the performance of 
fluid power systems and may cause various problems 
such as: broad and high frequency vibration, higher 
noise emission, cavitation erosion, material damage, 
thermal degradation of oil [6], acceleration of oil 
degradation by oxidation [7], oil temperature rise, 
lubricity reduction by air emulsion [8], reduction of 
thermal conductivity, increase in compressibility, 
decrease in dynamic characteristics, decrease in pump 
output efficiency and bulk modulus change.  
Thus, it is important to eliminate bubbles from the fluid 
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Figure 1 Principle of Bubble Eliminator 

 
in order to preserve quality of fluid, attain sound system 
performance and avoid damage to components. 

 
BUBBLE ELIMINATOR 

 
Figure 1 illustrates the principle of the bubble eliminator. 
The device consists of a tapered-tube that is designed 
such that a chamber of circular cross-section becomes 
smaller and is connected with a cylindrical shaped 
chamber. Fluid containing bubbles flows tangentially 
into the tapered tube from an inlet port and generates a 
swirling flow that circulates the fluid through the flow 
passage.  The swirling flow accelerates, and the fluid 
pressure along the central axis decreases as the fluid 
moves downstream. From the end of the tapered-tube, 
the swirl flow decelerates downstream and the pressure 
recovers as the fluid moves to the outlet. 
There are certain position-dependent centrifugal forces 
created in all parts of the swirl flow, and the bubbles 
tend to move toward the central axis of the bubble 
eliminator due to the difference in centrifugal force 
between the fluid and the bubbles. Small bubbles are 
trapped in the vicinity of central axis of the swirling 
flow and collected near the area where the pressure is 
the lowest. When backpressure is applied at the 
downstream side of the bubble eliminator, the collected 
bubbles are ejected through a vent port. 
The dissolved air in the fluid is also eliminated through 
bubbles extracted at the pump’s suction side under 
negative pressure [9]. The bubble eliminator has the 
advantage of a simple structure, a low level of the 
pressure drop (a few hundred Pa) and of being a passive 
element without any power supply. 
The bubble eliminator has been used in many industrial 
machines using fluids such as hydraulic systems, food 
machines and coater machines in paper products [10]. 
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EXPERIMENTAL INVESTIGATION FOR OIL 
DEGRADATION 

Table 1 Test conditions 

Time 
Case Air supply

(Hours) 

Bubble 

Eliminator

A On 96 Without 

B Off 96 Without 

C On 96 With 

 

 
We firstly focus on technical issue to eliminate the air 
bubbles entrained in the oil to preserve oil quality．The 
oil degradation is accelerated with effective oxygen 
supply of air, the most influential factor in shortening 
the life of the oils.  
In order to investigate the effectiveness of the developed 
bubble eliminator experimentally, changes of oil 
degradation are observed under three different 
conditions of bubbles for normal pump operating 
conditions during 96 hours of continuous running. 
An experimental circuit of the hydraulic system is   
illustrated in Figure 2. The oil in a capacity of 5-liter 
reservoir pressurized by a piston pump flows through a 
relief valve and returns to the reservoir. The pump 
delivery flow rate is adjusted at a constant value of 9 
liter/min. A relief valve is set at a supply pressure of 7 
MPa. The downstream line of the relief valve is divided 
into two lines. One goes through the stop valve-(3), the 
bubble eliminator, the stop valve-(5) and an oil cooler to 
the reservoir. Another goes though the bypass line, in 
which the stop valve-(2) is incorporated, and the relief 
valve to the reservoir. A needle valve-(1) at the suction 
side of the pump is used to introduce external air into 
the hydraulic circuit. A thermistor type thermometer is 
installed in the reservoir.  

  

To investigate processes of the oil degradation, the 
following analytical items and their procedure are 
selected: 

 
 Pump motor

Pressure gageVacuum gage
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Figure 2 Experimental hydraulic circuit for oil 

degradation 

Table 2 Performance in Case A 

Time(hour)

Test case 
0 24 48 72 96 

Color 1.0  0.5  5.0 6.5 7.0 

Viscosity(40℃)[mm2/s] 31.34  31.36  31.37 31.39 31.42 

TAN[mgKOH/g] 0.01  0.01  0.01 0.02 0.03 

Deposit[mg/100ml] 1.3  1.1  8.5 7.2 7.1 

 
Table 3 Performance in Case B 

Time(hour)

Test case 
0 24 48 72 96 

Color 0.5  0.5  1.0 1.0 1.0 

Viscosity(40℃)[mm2/s] 31.35  31.36  31.37 31.43 31.45 

TAN[mgKOH/g] 0.01  0.01  0.02 0.02 0.03 

Deposit[mg/100ml] 1.2  2.9  2.7 1.4 1.6 

 

Table 4 Performance in Case C 

Time(hour)

Test case 
0 24 48 72 96 

Color 1.5  0.5  1.0 2.5 6.5 

Viscosity(40℃)[mm2/s] 31.36  31.37  31.39 31.41 31.45 

TAN[mgKOH/g] 0.01  0.01  0.01 0.01 0.02 

Deposit[mg/100ml] 2.7  0.0  1.7 2.3 4.1 

For test, the axial piston pump (Yuken type AR16) is 
installed. During the test, the oil temperatures are kept 
at 60±1 centigrade. The test is performed for base stock 
having viscosity of 32mm2/s. The test conditions are 
tabulated in Table 1. Different parameters such as the 
bubble eliminator “With” or “Without” and the air 
supply “On” or “Off” are set for the given pump 
delivery conditions. In cases of air supply “on”, 

660ml/min air is supplied from the pump suction side. 

• Color    (ASTM D1500) 

• TAN   （ASTM D664） 

• Viscosity (ASTM D445－3) 

• Deposit  (Millipore filter). 
The changes of the oil property are investigated as a 
function of the operating time of 96 hours for all the 
data. Oil specimen is sampled once for every 24 hours.  
Table 2 to 4 show analytical results of the oil specimens 
under the test condition cases A, B and C. Figure 3 to 
Figure 6 show the change of the each analytical data 
plotted as a function of time.  
It should be mentioned that much metal debris is 
observed in the deposit of the oil in the cases A and B. 
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Figure 3 Color change in pump test 

Figure 4 Viscosity change in pump test 

Figure 5 TAN increase in pump test 

When bubbles in oil are compressed adiabatically at 
high pressure, the temperature of the bubbles rises 
sharply, resulting in generation of carbonaceous 
particles. Under poor lubricity caused by supplied air, 
wear debris is created on the boundary surface of the 
pump parts during pressure build-up.  
In the cases A and C, much debris is produced 
regardless to the application of the bubble eliminator. In 

100177Su
Figure 6 Deposit change in pump test 
 
these cases, the bubble eliminator located at the 
downstream side of the pump is unable to prevent 
generation of particle and wear debris on the boundary 
surface of the pump. The test results show clearly that 
the supplied air accelerate oil degradation and shorten 
the life of an oil. 
The test oil is compressed to 7 MPa by the piston pump 
and then decompressed with the relief valve to a 
pressure close to atmospheric pressure then dissolved 
air is separated to cavitation air. If not removed, 
eventually cavitation air is compressed adiabatically and 
can reach high temperature in system.  
In the case A, degradation of oil is caused by both 
supplied air and cavitaion air. In the case B, cavitation 
air accumulated in the oil results in acceleration of 
oxidation. In the case C, the supplied bubbles together 
with cavitation air are eliminated and the TAN rise can 
be prevented as shown in Figure 5. The comparison of 
the above results leads to the conclusion that the bubble 
eliminator is useful in making oil life longer. 
No significant difference can be observed in the results 
of the viscosity change as shown in Figure 4. The 
viscosity change should not be regard as an obvious 
indication for an advance degradation of oil. 

 
EXPERIMENTAL INVESTIGATION FOR 

MOBILE CONDITIONS 
 

In this section we focus on technical issue for the 
relationship between air bubbles in the oil and oil 
temperature rise in the reservoir. In our experiments, 
surrounding air is intentionally introduced in the oil 
from the oil surface by vibration of the reservoir in the 
hydraulic circuit. An overall experimental setup and the 
hydraulic circuit for vibration of the reservoir are shown 
in Figure 7 and Figure 8, respectively. A pump-motor, a 
reservoir, and the bubble eliminator are located on an 
active linear table. A hydraulic servo cylinder forcedly 
vibrates the active linear table in order to infuse air to 
the oil of the reservoir from surrounding air. 
The bubble eliminator in a main line is located in 
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Figure 7 Overall experimental setup 

 
 

Figure 8 Experimental hydraulic circuit for mobile 
condition 
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the frequency of 1.2Hz and the amplitude of ±20mm in 
order to reproduce working environment of construction 
vehicles. Test conditions are tabulated in Table 5. There 
are four conditions A to D. In the case A and B, the 
experimental setup is not vibrated. In the case C and D, 
the experimental setup is vibrated during 150 minutes. 
Under the each condition, the oil temperature in the 
reservoir is measured by a thermocouple every 5 
minutes during 150 minutes. 
Typical experimental results of temperature rise in the 
reservoir are plotted in Figure 9. The temperature data 
are plotted as the values relative to the initial 
temperature. In the case A and case C, the oil flows 
through the bypath line. In the case B and case D, the oil 
flows through the bubble eliminator in the main line. 
Since it is considered that the bubbles are eliminated by 
the bubble eliminator, the oil temperature rise in the 
case B becomes lower than that in the case A. In the 
case D, the equilibrium temperature more dramatically 
decreases than one in the case A. This can be considered 
that the lower temperature rise is based on the cooling 
effect by the infused surrounding air and the bubble 
removal effect by bubble elimination. From these 
experimental results for measurement of oil temperature 
rise in the reservoir of the test hydraulic circuit, the 
bubble eliminator is effective in reducing the oil 
temperature rise under the mobile condition. The 
advantage obtained from the use of the bubble 
eliminator is a reservoir with light weight, smaller space, 
simpler configuration and lower cost. 

 
CONCLUSIONS 

 
In fluid power systems, air bubbles are the most 
influential factor to accelerate oil degradation. In this 
paper, it is experimentally verified that the bubble 
eliminator can effectively separate bubbles to prevent 
oil oxidation reactions, for extension of lifetime of oil. 
The authors have also examined the influence of the air 
Table 5 Test conditions for experiments 
 

Case 
Vibration  
Time 

Bubble 
eliminator 

A 0 min Without 

B 0 min With 

C 150 min Without 
D 150 min With 
Figure 9 Typical experimental results of temperature 
rise (Case A, B, C, D)  

 

l with a normal pipe of a bypath line. The 
ir and observation windows at the suction and 

lines are made from transparent acrylic vessel and 
respectively. The air bubbles in the oil can be 
y observed at the reservoir and the observation 

s.  
 experimental hydraulic circuit the average flow 
elivered by the pump are kept at 12 L/min and the 
ir has a capacity of 3 Litter. It is assumed to be 
odel of the mobile construction machinery with 

mp delivery flow rate of 240 L/min and reservoir 
ty of 60 Litter. 
perimental equipment is forcedly vibrated with 
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bubble and the effect of the bubble eliminator to prevent 
temperature rise through the experimental investigations 
by using the oil hydraulic system. It is experimentally 
verified that the bubble eliminator can effectively 
reduce the oil temperature rise.  
It must be borne in mind that the reduction of the 
entrained bubbles should be considered as one of the 
important design factors for the fluid power system. 
Concrete benefits obtained from the use of the bubble 
eliminator for the systems are:  
・ A reservoir with lighter weight, smaller space, 

simpler configuration, lower cost 
・ Slow fluid degradation, which extends lifetime of 

fluid 
・ Prevent pump and valve cavitations and noise 
・ Decrease in compressibility of oil 
・ Shorter heating time in cold environment 
・ Easier contamination control. 
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ABSTRACT 
 
This paper shows the energy saving power steering system, which was named as KEEPS (Kayaba Electronic Controlled 
Energy Saving Power Steering). In a conventional hydraulic power steering system, the hydraulic pump always supplies 
enough quantity of oil to the hydraulic circuit. This extra oil flow increases driving torque of the pump, thus the hydraulic 
power steering system wastes energy. On the other hand, KEEPS can control oil flow electrically in accordance with the 
condition of a vehicle. In the measurement test for energy consumption of the power steering system with the actual 
vehicle on test courses, KEEPS got 48% less at city mode, 41% less at highway mode and 39% less at country mode 
compared with the conventional hydraulic steering system. 
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INTRODUCTION 
 
Recently under international environmental problems, 
saving fuel consumption of an automobile has been 
required, and the various regulations of fuel consumption 
have been implemented. These activities of reducing fuel 
consumption influence on not only engines but also 
automotive equipments, and high efficiency equipments 
are required. This situation applies to a hydraulic power 
steering system too. 
In a conventional hydraulic power steering system, the 
hydraulic pump always supplies enough quantity of oil to 
the hydraulic circuit. The circuit has hydraulic resistances 
such as the steering gear and the hose, thus extra oil flow 
increases pressure loss in the circuit and driving torque of 

the pump. As a result, unnecessary energy is consumed. 
And to improve the energy problem of power steering 
systems, various systems have been proposed. Those are 
variable displacement pump, EHPS (Electronic Hydraulic 
Power Steering), EPS (Electric Power Steering) and so on. 
The purpose of this paper is to confirm effect of energy 
saving by the newly developed power steering system. 
 

CONCEPT OF ENERGY SAVING 
 
Figure 1 is one experimental result concerning to the 
steering occurrence rate at various driving modes. In the 
city and the highway mode, about 80% of the steering 
occurrence angle is less than 5 degree. In the country 
mode, under 5 degree steering angle occupies about 50% 
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of all. 
Figure 2 shows the relationship among driving torque and 
flow rate of a hydraulic power steering pump at constant 
pump speed. When flow rate goes to lower, pressure loss 
in the circuit and driving torque of the pump are 
decreased. 
Therefore it is possible to reduce energy consumption of a 
hydraulic power steering system, if pressure loss and 
driving torque can be reduced by minimizing oil flow rate 
supplied from the pump into the hydraulic circuit in 
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Figure 1 Steering occurrence rate 

non-steering or no power assist mode. 
 

SYSTEM CONFIGURATION 
 
As shown in Figure 3, the system of KEEPS mainly 
consists of a pump assembly, a power steering gear and an 
electronic control unit (ECU). The pump and the steering 
gear are used as same as a conventional hydraulic power 
steering one. A proportional solenoid valve is adopted 
instead of a flow control valve in the pump assembly. 
ECU and sensors are newly adopted. Electric current that 
is defined by ECU controls oil flow rate. 
In non-steering or no power assist mode, ECU orders the 
solenoid valve to close its flow area. Then by-pass flow 
rate is increased, and main flow rate is decreased 
approximately to 15% of normal one. Hereby load 
pressure of the pump is kept lower level and driving 
torque of the pump is also reduced. Figure 4 shows the 
comparison of pump driving torque at non-steering mode 
between a conventional power steering and KEEPS. On 
the other hand when a driver steers, ECU orders the 
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Figure 2 Pump driving torque 
 
 

 
 

Figure 3 System configuration 
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solenoid valve to open its flow area and main flow rate is 
returned quickly to necessary quantity. 
Thus ECU controls main flow rate according to vehicle 
condition, KEEPS can realize energy saving and suitable 
steering feeling at the same time [1]. 
 

EXPERIMENTAL TESTS 
 
We have practiced various tests to check the effects of 
energy saving by KEEPS. Below results were obtained 
using by the conventional hydraulic power steering 
system and KEEPS that were designed for the 
2000cc-class passenger car. 
 
Power consumption test on bench tester 
This test is measurement of power consumption on a 
power steering bench tester using similar hydraulic circuit 
of an actual vehicle, and was executed in a European 
university. The bench tester can reproduce various driving 
conditions, to give pump speed and load force to steering 
gear. At the same time the bench tester can provide other 
information, for example vehicle speed and steering angle, 
which are necessary to KEEPS ECU. Power consumption 
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Figure 4 Comparison of driving torque 
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Figure 5 Result of power consumption test 

of the power steering system is calculated from pump 
speed and driving torque measured directly. 
In this test, KEEPS reduced power consumption by 34% 
at city mode, 53% at highway mode, 32% at country mode 
and 66% at MVEG mode test as shown in Figure 5. In 
these test modes, only MVEG is under non-steering 
condition. 
 
Fuel consumption test using actual car 
This test is investigation of fuel consumption efficiency 
using an actual car on a chassis dynamometer, and was 
executed in a Japanese institute. The test on the chassis 
dynamometer is carried out under non-steering mode. The 
chassis dynamometer provides the vehicle running 
resistance according to vehicle speed. During under 
testing, environment of the vehicle such as temperature 
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Figure 6 Result of fuel consumption test 
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and humidity is controlled steadily. Fuel consumption is 
measured from emission gas by carbon balance method. 
In this test as shown in Figure 6, KEEPS car got 3.1% 
improvement of fuel consumption at 10-15 mode test, 
1.6% improvement at 60km/h constant speed test and 
3.1% improvement at idling test. 
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Characteristics of KEEPS pump
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Figure 7 Flow rate characteristics of the pumps 
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Figure 8 Comparison of energy consumption test results 

Energy consumption test on test course 
This test is estimation of energy consumption of power 
steering system, and was executed on test courses with an 
actual vehicle. Generally it is difficult to measure driving 
torque of a hydraulic power steering pump on a vehicle. 
Therefore we measured the mechanical efficiency of the 
pump before testing, and calculated driving torque, power 
and energy consumption from vehicle condition such as 
pump speed and circuit pressure. 
On the other hand it is impossible to test or compare for 
various samples under the strictly same condition of a 
vehicle. To solve an above problem, we made the 
simulation program of the hydraulic power steering 
system. This program consists of mathematical models of 
a pump assembly, a power steering gear, hoses and ECU 
(KEEPS). Above elements are considered to dynamics 
and nonlinear characteristics, and the program can 
simulate behavior of the hydraulic power steering system 
to give condition around the system [2]. 
Figure 7 is the comparisons of the pump characteristics 
between experimental result and simulative one using the 
program. 
In this test, KEEPS decreased energy consumption by 
48% at city mode, 41% at highway mode and 39% at 
country mode as shown in Figure 8. 
 

CONCLUSION 
 
As above-mentioned, we confirmed effect of reduction of 
energy or fuel consumption by KEEPS. For example, in 
the measurement test for energy consumption of the 
power steering system with the actual vehicle on test 
courses, KEEPS got 48% less at city mode, 41% less at 
highway mode and 39% less at country mode compared 
with the conventional hydraulic steering system. 
According to these result and rate of general driving mode 
[3], it is expected that KEEPS can decrease energy 
consumption of a hydraulic power steering by about 
40-50%. 
We will continue to improve KEEPS more as energy 
saving technology of the hydraulic power steering system. 
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ABSTRACT 
 
In many fields, all terrain vehicles are highly demanded with high performance and efficient energy consumption. Some 
vehicles run on four or six tires, and some vehicles run rubber tracks, called crawlers. In this paper, we will focus on 
crawlers and their applications. First, we will describe the vehicle’s features, and its characteristics. A unique 
four-wheel-steering Z link mechanism is applied. Crawlers with a tilting mechanism are applied that enables the vehicle 
to run over steps and obstacles. 
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INTRODUCTION 
 
We developed a multi purpose robot that could be 
applied in many fields, such as construction areas, 
agricultural areas, and hazardous areas for example 
landmine fields. Eventually, for every task there is a 
specific robot or machine, limited with particular 
features. This field robot has a wide field. 
 
Background 
In hazardous areas, man could be injured severely or 
could loose his life on the field. Therefore, wireless or 
remote controlling system is necessary to prevent such 
accidents. Some of these areas are difficult to reach and 
to proceed with the task. Therefore a new multi purpose 
field robot has been proposed.  
 
Objective 
The main purpose of this research is to develop an 
efficient and smart steering mechanism. That 
mechanism gives the robot a flexible structure to run 
through narrow areas. And undergo any kind of tasks at 
places with limited amount of space. The development 

of the tilting mechanism is one of the objectives of this 
project. Titling mechanism is a mechanism that enables 
the crawlers to incline or decline depending on the 
ground features. Obstacles such as stones, tree logs or 
even steps would not stop, or delay the robot from 
proceeding. Finally, develop a wireless network to 
control the whole field robot including the steering and 
tilting mechanism.  

 
FIELD ROBOT FEATURES 

 
Field Robot characteristics outline 
The robot is powered by a diesel engine. The engine 
runs a two axial piston pumps. One of these piston 
pumps is a hydro static transmission called (HST). The 
HST drives four hydraulic motors installed to each 
crawler. On the other hand, the other piston pump drives 
the steering cylinders and the titling mechanism. The 
crawlers could steer 90 degree to the right and 30 degree 
to the left. Front crawlers are attached to the body by a 
shaft that it enables the 2 crawlers swing. The whole 
system (PLCs, servo valves and HST) is controlled by a 
PC and a controller. 



 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Field robot image 
 

Table 1 Field robot specification 

 
STEERING MECHANISM 

 
In this robot a Z link steering mechanism is installed. 
That mechanism enables the four crawlers to rotate 90 
degrees to the right and 30 degrees to the left. Thus 
steering range is 120 degrees. To rotate the crawlers 
with a hydraulic cylinder a Z link mechanism comes in 
handy as shown in the following figure. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Steering mechanism 

Four wheel steering enables the robot to steer its wheels 
to any direction as shown in the lower figure.  
 
 
 
 
 
 
 
 
 
 

Figure 3 wheel steering applied  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Minimum turning radius model  
 

Ackermann steering geometry is a geometric 
arrangement of linkages in the steering of a car or other 
robots, designed to solve the problem of wheels on the 
inside and outside of a turn needing to trace out circles 
of different radii [1]. According to Ackermann steering 
geometry the following equations were derived.  
This equation shows the minimum radius: 
 

 
 

(1) 
 

However, pulling force: 

 
(2) 

 
L: Distance between front and rear axis [m] 
FL: Calculated axis distance[m] 
T: Crawlers axis center[m] 
a: Front outer wheel angle [rad] 
b: Front inner wheel angle [rad] 
c: Rear outer wheel angle [rad] 
d: Rear inner wheel angle [rad] 

 

Dimensional 
Size 

2.6/1.5/1.8 m 

Wheel Base 1.980 m 
tread 1.341 m 

Weight 1600 kg 

(Power 
Source)Engine 

Ishikawajima Shibaura 
N843L-SH5(Diesel, 1.7 cc) 

Drive 4 Wheel Drive 
Transmission HydroStatic Transmission 

Steering Front/rear independent steering 
Steering angle Right 90, left 30 degree 
Undercarriage Rubber tracks ( crawlers ) 

Suspension None (Swinging mechanism) 
MAX SPEED 3.3 km/h 
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That shows that a robot with 4 wheel steering 
mechanism could turn in smaller radius, compare to 
conventional vehicles steering mechanism 
 
Servo control 
Steering cylinders were actuated by proportional valve. 
As a result, bad response was observed, and skilled 
operator is necessary to perform the steering. Therefore, 
the proportional valves were replaced with servo valves 
to gain high positioning efficiency and sharp response. 
Each crawler weigh about 500 kgf defined as Fw and 
Fm is defined as the momentum torque acting on the 
kingpin, which is located between the steering cylinder 
and the crawler. 
 
 

 (3) 
 
 

(4) 
 
 
 

(5) 
 
 
L1: Space between cylinder & kingpin [mm] 
L2: Space between kingpin & crawler [mm] 
PS: Rated Pressure [kgf/cm^2] 
Pt: Hose pressure loss [kgf/cm^2] 
A1: Cylinder head cross-sectional area [cm^2] 
A2: Cylinder rod cross-sectional area [cm^2] 
V1: Cylinder extending speed [cm/s] 
V2: Cylinder contracting speed [cm/s] 
The equations above allow the selection of valves and 
potentiometers.  
 
Steering control result 
After replacing the proportional valves with servo 
valves, steering performance was improved in many 
stages. According to the command, response is faster 
and more accurate. Wireless control is more reliable, 
since the steering is controlled with servo controllers.  
 

TILTING MECHANISM 
 

Four rubber tracks known as crawlers are installed 
instead of the tires. Crawlers have bigger area 
contacting the ground, give it a strong grip and prevent 
it from slipping.  
 
Rubber track 
During work, normal vehicles use hydraulic assistant 
legs to increase the stability of the vehicle. While 
crawlers gives offers bigger stability to the vehicle, 
because of the tracks has big area that increases the 
ground resistance and prevent the vehicle from slipping. 

However, when the robot runs back ward with obstacles 
behind, the crawlers rise up and the robot looses its 
balance. Such action starts to turn into problems.
Therefore a new crawler titling mechanism was 
introduces to the field robot. This titling mechanism 
prevents the crawlers to rise up while running 
backwards. And it assists the crawlers to rise when there 
are steps or obstacles ahead. A hydraulic cylinder was 
installed on the crawlers, to lift it up 30 degrees and 
lower it 30 degrees. As shown in the figure, the 
mechanism enables the crawler to run up 300 mm high 
step. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Crawler image 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

    Figure 6 Crawler running over steps 
 
Crawler tilting results 
The experiment was to drive the robot up the stairs and 
back down. The stairs consist of 3 steps. Before running 
through the stairs the front crawlers are lift up. Then the 
robot is driven until the crawler starts running over the 
first time. At the same time the rear crawler tilting 
cylinder pushes the crawler downward to have a 
stronger grip of the ground. Technically front crawlers 
help to climb and the rear crawlers help to push the 
crawler forward. The experiment was held successfully. 
However for the crawlers were controlled manually, for 
safety reasons.  
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Wireless Control 
In the field, sometimes man cannot accompany the 
robot for operations. Thus, a total wireless control 
system was proposed. AD5430 controller is installed in 
the robot. The controller is controlled by a personal 
computer through a wireless LAN. Engine ignition, HST, 
crawler tilting and steering cylinders are controlled 
through the controller.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 7 Wireless Control System 
The Above figure shows that the controller AD 5430 
gives commands PLC that turns on/off the engine, and 
to the stepping motor attached to the pump and feed 
back by rotary encoders installed to the crawlers. The 
steering cylinder is controlled and monitored since 
steering force differs in each running status. In addition 
to the crawling mechanism which eventually will be an 
automated system. 
  
Running Experiments and results 
The controller which controls the whole robot system is 
basically programs and system blocks created by 
MATLAB SIMULINK. And Virtual console is used to 
create a simple interface between the operator and the 

field robot, in which the operator can control all the 
actuators and monitor the speed and other data from 
sensors. 

The running test of the robot took place on a 300 
meters long track. The at the distance of the 300 meters 
away from the operator the data transmission was 
weakened and slower and at 350 meters it lost its 
connection completely. In case the robot runs out of 
range accidentally the robot will automatically shut 
down and wait for another confirmed command signal. 
The displacement error is about 1.3% that is caused by 
the rubber crawlers which expand and extract according 
to the road features.  

 
Conclusion 
In this research, we developed a robot with many 
features that support it during its running off-road. In 
case of narrow areas, or small spaces the robot can steer 
through it with the new steering mechanism. In the other 
hand, when the robot faces obstacle the crawler tilt 
device will be activated to support the robot. Further 
experiments are expected on the crawler tilting 
mechanism. 
 
Applications 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8 Robot applied in landmine field 
Applying this robot in landmine fields, demands several 
equipments, such heavy shield to prevent any serious 
damage in case of explosive accidents. Other 
equipments are required too, for example landmine 
sensors and defecting robotic arms.  
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ABSTRACT 
 

It is well known that wireless technology has been widely used in communication. In recent years it has been ubiquitous 
in nearly every aspect of industry, medicine, environment and meteorology. The wireless technology will revolutionize 
these fields. This paper presents a wireless pneumatic system which consists of a controlled wireless pneumatic proportional 
valve based on SMC VEF-312 and a wireless transducer of flowmeter for monitoring the flowrate.  The results about the 
application of wireless technology in pneumatic system were discussed.  
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INTRODUCTION 

 
As all known wireless technology has quickly development 
in past decades. Wireless communications is capable of 
reaching every location on the face of the earth.  In resent 
years wireless technology has been ubiquitous in every 
aspect of industry, such as medical equipment, environment 
and meteorology, manufacturing and process control 
system. Although traditional hard-wired technologies 
continue to rein these fields, applications of wireless 
technologies will revolutionize these fields. For instance, 
nowadays manufacture factory usually has many sensors 
and actuators, which require cable and wire installation 
throughout a plant floor in order to connect between the 
sensors and the control house for both power supply and 
communications. Cables are easy to damage and need to be 

removed and re-run. Therefore, the cost related to 
maintenance is usually prohibitive. The advent of wireless 
technology provides the solution to these problems. Using 
wireless technology, it can greatly reduce sensor 
installation cost, amount of cable, labor hours, faster 
installation and setup time and etc. 
In this paper a controlled wireless pneumatic system is 
presented. The system consists of a controlled wireless 
pneumatic proportional valve based on SMC VEF-312 and 
a wireless transducer of flowmeter MFDN-15 for 
monitoring the flowrate.   
1、Hardware system configuration 
The hardware system configuration is shown in Figure 1. It 
consists of server PC, base station, flowmeter, electro-
magnetic valve, client station 1 and 2.Server PC uses 
Windows XP as operating system. 



 
 

 
 

Figure 1: The hardware system configuration 
 

1.1 Mass flowrate measurement 
 A mass flowmeter was built using the thermistor sensor, 
once the setpoint is reached the heat balance state that when 
the supplied energy is equal to the heat dissipation, the 
temperature of sensor is to keep constant. The supplied 
energy, which is a function of the fluid speed or flowrate, is 
detected using a special electronic circuit. The flowmeter is 
a MFDN-15 gas mass flowmeter designed by SMC–
Tsinghua University Pneumatic Technology Center. It 
contains an amplification circuit, an analogy-to-digital 
converter and a microprocessor. The power supply voltage 
is in 12V. The range of measurement is 0-100L/min; the 
voltage output is 1-5 volts. The flowmeter was calibrated 
using a commercial flowmeter with high accuracy. The 
calibration shows that the flowmeter response is linear and 
repeatable shown in Fig.2. 
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Figure 2   MFDN-15 gas mass flowmeter and its 
characteristic of output 



 
1.2 Electro-magnetic proportional valve 
Electro-magnetic proportional valve is VEF-312 made by 
SMC Corporation It can adjust the gas flow of pneumatic 
air source system. The external power supply DC voltage is 
24 volts. The range of control voltage is 0-5 volts. The 
opening of the valve is in variation with the operation 
voltage. The characteristics of proportional valve at the 
pressure of entrance 0.2 MPa is shown in Fig. 3.  
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Figure 3 Flowrate output vs input voltage of VEF-312 
valve 

 
1.3 Transmitter and Receiver board 
 
1.3.1 The base station module 
Figure 4 is a block diagram of the base station module. The 
main component of the base station is a CC1000 wireless 
module, which has an RF transmitter, receiver and a base 
band modem. A microcontroller 43 is used to serve as 
central control unit, which sends the control and 
handshaking information to CC1000. RS-232 serial 
interface is used to communicate with the server PC. 

 
 

 
 

Figure 4 Base station 
 

1.3.2 Client station 1 
Figure 5 illustrates the block diagram of the client station, 
which consists of microprocessor (as an MCU), analog to 
digital converter module, CC1000 module, and a power 
supply unit. MCU is responsible for the following tasks 1) 
control ADC for sampling 2) configure CC1000 by setting 
MAC (Measurement And Control) address and initializing 
the communication routines. 3) Encode the ADC output 
data using forward error correction (FEC) code and send 
the frames to CC1000 4) Process the acknowledgement 
information and the data request from CC1000. MAX187 
from MAXIM is used for data sampling and analog to 
digital conversion. 
 

 
 

Figure 5 Client station 1 
 

1.3.3 Client station 2 
The block diagram of client station 2 is shown in Figure 6. 
The only difference between client station 2 and client 
station 1 is that the analog interface is changed to digital to 
analog converter (DAC). MAX5302 from MAXIM is used 
for this purpose.  
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Figure.6 Client station 2 
 

 
 

1.4 System specifications 
The wireless system described in this paper transmits over 
unlicensed ISM band. The antenna can be placed externally 
or internally. The detailed specifications are listed in Table 
1. 

 
 

Frequency range 433.1-434.6 MHz 
Number of Channels 11 
Modulation scheme FSK 
Duplex mode half duplex 
Maximum transmit power +10dBm 
Receiver sensitivity -105dBm 
ADC resolution 12bits 
Coverage 100m (Line of Sight) 
Physical layer data rate 9.6kbps 
Temperature range -25-70C 
Power supply voltage 12V 

 
Table 1 System specifications 

 
 
 
 
 
 

2 System software  
Figure 7 shows the user interface of software and control 
program of base station module.  
 
It was written using C ++ Builder 6.0.  The following 
features are offered by the program: the initialization of 
CC1000 module，the program for monitoring serial port，
the processing receiving data, display the dynamic results 
and sending control voltage value. Figure 8 shows a flow 
chart of initializing control program. The program of client 
station was written using the C51 programming language 
for a microprocessor. 
It contains a control program for sampling data of A/D and 
D/A converters, setting and control for serial port of 
AT89C51 which is connected with CC1000 module. 
Sending data of frame channel coding and analyzing 
command words received. 

 

                    
 

Figure 7.   The user interface of software 
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Figure 8. The flow chart of initializing control program for 
base station module 

3 Wireless transceiver design and error protection 
mechanism 
Fading and interference are two major factors affecting the 
performance and reliability of wireless communication. 
Our system adopts classical protection mechanism used in 
modern wireless access system, such as cellular and Wi-Fi, 
to make the communication more reliable. These 
mechanisms include channel coding, CRC check and ARQ. 
3.1 Channel coding 
Channel coding has been widely used in wireless 
communication systems to combat channel fading and 
interference. The theory is that by adding redundant 
information to the original source bits, the receiver can 
recover the source bits even if soft of the received bits are 
wrong. This method can lower the bit error rate for the 
whole system.  
After careful calculation and selection of the codes, we 
finally chose (8, 5) code. This particular code increases the 
Hamming distance to facilitate the error correction at the 
receiver side. 
3.2 CRC check 
CRC check is a method to check the integrity of the 
received packets. The transmitter adds a small segment of 
the checksum based on the source packets. This CRC 
segment along with the original source bits are transmitted 
to the receiver. The receiver uses the same equation to 
calculate the checksum. By comparing the local checksum 
with the received checksum, the receiver can know whether 
the received packet is correct or not.  
CRC stands for cyclical redundancy check, which offers 
outstanding error detection performance. By combining the 
channel coding and CRC check, the error packets can be 
detected and recovered effectively, which reduces the error 
rate at the server. The flowchart of this process can be seen 
in figure 8. 

 
 

  
               Figure 9. Flow chart of CRC check 

 
3.3 ARQ (Automatic Retransmission request) 
When the interference is severe, the error rate will go up 
significantly and the channel coding can not correct all the 
error bits. CRC check will fail in this case, which indicates 
the packet is not received correctly. A retransmission 
request for the current packet is generated and the received 
error packet is discarded. This retransmission mechanism 
can prevent the error packets from propagating to the server, 
which guarantees the reliability of the wireless 
communication.  
4 Conclusions 
We have successfully completed the design and 
development of a wireless measurement and control 
pneumatic system. It is easy to monitor and control a 
manufacturing process.  
Right now this system is provided for showing experiment 
of laboratory. CC1000 module has 11 channels for client 
station. Therefore the system can be developed into a 
wireless network in duplex mode to realize multipoint 
measurements and control function. 
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ABSTRACT 
 

This study is concerned with the development of a novel portable pneumatic power source applicable to self-powered 
mobile applications such as wearable actuator and rescue robot etc. Dry ice is chosen as a source of power for the 
pneumatic power source because it  is  nonpoisonous, easy to obtain and it expands 750 times in volume after being 
vaporized into gas. When dry ice is stored in the confined pressure container, it begins to liquefy after the pressure 
reaches the triple point (0.52[MPa(abs)],-56.6℃). In this process the pressure remains constant until all the dry ice melt 
into the liquid. When the state remains at triple point, the pressure does not decrease even though the gas is released 
from pressure container. By using this physical property of carbon dioxide, and by controlling the heat transfer from the 
surroundings into the pressure container, a noiseless, large capacity and portable pneumatic power source is developed.  
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Pneumatic Power Source, Phase Transition, Dry Ice, Triple Point, Self-Powered 

 
  

NOMENCLATURE 
 
 

M  : mass of dry-ice in pressure container 
Q  : volumetric flow rate 
G  : mass flow rate 
q  : heat transfer rate 
T  : output period (duration of an output flow) 

ALLT  : total output period (= ∑ iT ) 
y  : displacement of cylinder 

vH∆
 

: heat of vaporization at the triple point of 
carbon dioxide=348[kJ/kg](-56.6 C° ) 

fH∆
 

: heat of fusion at the triple point of carbon 
dioxide=195.8[kJ/kg](-56.6 C° ) 

sH∆
 

: heat of sublimation at the triple point of 
carbon dioxide=543.8[kJ/kg]( -56.6 C° ) 

Subscripts   
i  : i th output  
 

 
1. INTRODUCTION 

  
The lack of suitable pneumatic power source is one of 
the dominant bottlenecks preventing the more 
widespread appearance of self-powered mobile 
applications such as wearable actuator and rescue robot 
etc. The pneumatic power source in these fields should 
achieve the following capabilities: 1) lightweight; 2) 
portable-size; 3) large capacity; 4) long life; 5) 
noiseless; 6) nonpoisonous; 7) low-price and 8) safety. 
This is a challenging list, and no current pneumatic 
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power source possesses  all of these desirable 
characteristics. To solve the pneumatic power supply 
problem, many researches have been done in recently 
years1) ~3). However, new advances in portable 
pneumatic power source are still required. 
This paper presents a novel portable pneumatic power 
source which is called Dry Ice Power Cell. Dry  ice, 
which is the solid phase of the carbon dioxide, is chosen 
as the source of the power because it is nonpoisonous, 
easy to obtain, low in price and it expands 750 times in 
volume after being vaporized into gas. By using 
physical phase transition property of carbon dioxide at 
the triple point, and by controlling the heat transfer from 
the surroundings, a noiseless, large capacity, light and 
portable pneumatic source is developed. In this paper, 
the structure and the flow characteristic of the 
pneumatic power source is described in detail. 
 

2. BASIC PRINCIPLE 
 
The phase diagram for CO2 is shown in Fig.1. Point O is 
the triple point of CO2 (0.52[MPa(abs)],-56.6 ℃ ) 
where solid, liquid and gas phases all coexist in 
equilibrium. Notice that the pressure at the point O is 
higher than atmosphere pressure. This means that the 
solid phase (dry ice) sublimes, that is it passes directly 
from the solid to the gas when left open to the 
atmosphere (point D), and liquid CO2 cannot exist in 
this situation. 
As illustrated in Fig.1 and Fig.2 (a ) ~ (e), when dry ice 
is stored in the confined pressure container, the pressure 
increases steadily along the DO line (solid-gas 
boundary) because heat is added from the environment 
(a). When the pressure reaches triple point O, it stops 
increasing and solid begins to melt (b). In this situations, 
the heat addition results in change in internal energy, but 
no change in temperature and pressure. The heat 
addition from surroundings is saved in the liquid phase 
as the latent heat. Once all the solid has melted, no 
phase change occurs and the pressure rises farther along 
the OFA line (liquid-gas boundary) (c). At room 
temperature (25 C° ), the pressure reaches 6.4[MPa 
(abs)] which is  the pressure in cylinder of liquid carbon 
dioxide for daily use (point A). 
When gas in the pressure container is released (for 
example, from point F), the pressure drops back down 
to point O along the FO line (d). Then the pressure 
holds constant at point O for a while.  In this situation, 
the liquid begins to boil quite rapidly and also solid 
begins to reform (e). When all the liquid is gone and 
only reformed solid left, the pressure eventually drops 
back down to D along the OD line to normal 
atmospheric pressure (point D).  
Notice that when the state remains at triple point, the 
pressure does not decrease even though the gas is 
released from pressure container. This is a useful 
property for pneumatic power source where a steady 

pressure is always required.  
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 Fig.1 Sketch of the phase diagram for carbon dioxide (not to scale) 
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  Fig.2 Phase transition process of the dry-ice in closed container 

From the viewpoint of energy transfer, when gas is 
released at triple point pressure, part of the liquid 
changes to solid and emits the saved latent heat while 
other part absorbs this latent heat to improve its 
vaporization thus can hold the pressure. On the other 
hand, when liquid is gone, the pressure drops because of 
the required heat of vaporization for steady output flow 
rate can not be offered at that time. In other words, the 
liquid at the triple point acts just like an energy buffer,  
that is it saves energy transferred from the environment 
when solid melts and emits the saved heat when the 
output flow rate is released. The more the liquid, the 
longer the release duration can be achieved.  
Making use of the physical property of carbon dioxide 
at the triple point, a novel pneumatic power source can 
be developed. By controlling the heat transfer from the 
surroundings, the developed pneumatic power source 
can hold the carbon dioxide in a pressure container at 
the state of triple point for a long time, thus achieves  a 
fixed pressure (0.42[MPa]) pneumatic power source 
which can offer various output flow rate. The following 
describes the structure and the flow characteristic of the 
developed pneumatic power source in detail. 
  

3. DESCRIPTION OF THE STRUCTURE 
 

Developed Dry Ice Power Cell is illustrated in Fig.3. 
The dry ice (F) is stored in pressure container (E) which 
is surrounded by a can with composite wall consisting 
of an inner insulate layer (G) and an outer aluminum 
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can (H) with fin (I). The control mechanics consist of a 
double-acting cylinder (J), a pressure switch (D), a 
solenoid valve (A) and its drive circuit. 
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        Fig.3 Photo and Model of Dry-ice Power Cell  

When the pressure in the pressure container (E) falls 
below 0.42[MPa], solenoid valve (A) is switched on by 
pressure switch (D) and cylinder (J) extends to push the 
pressure container (E) down to contact closely with the 
bottom of the aluminum can (I). This position is called 
contact position later. On the other hand, when the 
pressure is higher than 0.45[MPa], solenoid valve (A) is 
switched off by pressure switch (D), and cylinder (J) 
retracts to lift  the pressure container (E) up to separate it 
from the bottom of the aluminum can (I). This position 
is called separate position later. Because thermal 
resistance is small in the contact position and large in 
the separate position where an air space is inserted, the 
heat transfer rate from the environment to the pressure 
container can be controlled by this two position control.  
From the viewpoint of energy transfer, when the 
pressure reaches 0.45[MPa], a little higher than triple 
point pressure, all the dry ice in the pressure container 
has melted into liquid CO2 which shows sufficient latent 
heat has been saved and no more heat transfer from the 
environment is needed. At this  pressure, the separate 
position where heat transfer is not a lot is selected. 
Moreover, because the pressure rises slowly even in the 
separate position, the relief valve (B) is needed (setting 
pressure 0.5[MPa]) to prevent the pressure from ris ing 
farther. 
The developed Dry Ice Power Cell weighs 600g, and 
can store 430g dry ice, thus the total weight is about 1kg. 
In order to explain the action of the Dry Ice Power Cell, 
the phase change and pressure change inside the 
pressure container is shown in Fig.4. 
Firstly, pressure rises as the solid sublimes①, then it 
stops rising and the solid begins to melt② . The pressure 
rises again as all the solid melts to liquid③ . When the 

pressure reaches 0.45[MPa], the pressure container is 
switched to the separate position and the heat transfer 
from the environment is slowed down. When the 
pressure reaches 0.5[MPa], the gas is released from 
relief valve to prevent the pressure from rising farther. 
After that, the outlet valve may be open to give the 
output④ . When the gas flows out⑤ , the pressure drops 
down to the pressure of the triple point and holds there 
the period of 1T . During this process, the pressure 
container is switched back to the contact position and 
the liquid boils quite rapidly and the solid reforms ⑥  
⑦ . When all the liquid is gone and only reformed solid 
survives, the pressure drops again and the output flow 
has to be shut off ⑧ . Then the survival melts again, 
thus the second output period 2T  is given during a 
process just like②  ~⑧ . Accordingly, the third period 3T , 
the forth period 4T … output periods can be obtained if 
the solid reformed from previous output exists. 
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              Fig.4 Principle of the Dry-ice P ower Cell 

 
4. EXPERIMENT 

 
The experimental setup for flow characteristic of the 
Dry Ice Power Cell is illustrated in Fig.5.  
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          Fig.5 Schematic diagram of experimental setup  
430g dry ice is stored in its pressure container. The 
output flow rate is controlled by a variable restrictor and 
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a solenoid valve to give an on/off output control. The 
output flow rate and the pressure in the pressure 
container are measured by a flowmeter and a pressure 
sensor. When the gas is released at flow rate Q at the 
pressure of triple point 0.42[MPa], the output 
period 1T , 2T … are  measured. 
As shown in Fig.6, when output flow rate is 5, 7and 
20[L/min (nor)], experimental results show that as the 
output flow rate is increased, the first output period 1T  
becomes shorter. This is because both vaporization and 
freezing occur more rapidly in larger output flow rate.  
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          Fig.6 Experimental results of pressure with time 

As shown in Fig.7, when output flow rate is 2, 3 and 
4[L/min (nor)], all the gas is released at only one 
period 1T . This means the immediate heat transfer alone 
is enough for offering these small flow rates and no 
solid reforms throughout the output period. Notice that 
only the contact position is selected throughout the 
output at 4[L/min (nor)] (Fig.6 (a)). However, when the 
output flow rate is less than 4[L/min (nor)], the separate 
position is needed because the heat transfer at the 
contact position is too large for that flow rate. The 
smaller the out flow rate, the more the separate 
positions. 
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          Fig.7 Experimental results of pressure with time 

As shown in Fig.8,  when Dry Ice Power Cell does not 
give any output flow, the liquid CO2 can be preserved at 
the separate position for about 7.5 hours. The flow rate 
released from the relief valve during this process is 
about 0.4[L/min (nor)]. 
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     Fig.8 Experimental results of pressure with time 

 
5. DISCUSSION 

 
5.1 ENERGETICS 
A simplified calculation can be given for roughly 
estimating the output capability of Dry Ice Power Cell. 
From neglecting the heat transfer during the output 
process, the heat emitted from the freezing process 
(195.8kJ/kg) simply equals the heat for vaporization 
(348kJ/kg), so that the mass of the output gas should be 
36% (about 1/3) of the total initial liquid mass, and the 
rest 64% (about 2/3) should reform to solid. However, 
as illustrated in Fig.6, the experimental result shows that 
the first output period 1T is less than not only 1/3 of the 
total output period ALLT but also the second output 
period 2T . The conflict between the calculation and the 
experiment is  caused by uneven temperature distribution 
in the pressure container. 
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       Fig.9 Temperature deviation near triple point 

As illustrated in Fig.9, when the solid melts in the 
pressure container, the solid change it position from 
above liquid level (a) to sinking in liquid (b). This 
causes the boundary face which solid, liquid and gas 
phase all coexist to disappear. Although the pressure is 
even, the temperature distribution is  not even and 
different temperatures can exist at the point O ′ and O ′′ as 
shown in Fig.1. The pressure rises even though the solid 
still exists  in the pressure container. 
In order to prove this explanation, the pressure container 
is shaked to make the temperature distribution even and 
enable to achieve a complete liquefaction. As shown in 
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Fig.10, (b) is from the experiment which pressure 
container is  shaked to achieve complete liquefaction, 
while (a) is shown for comparison (the same as Fig.6 
(a)) which the experiment is just done on a still table 
without any shake movement. When the pressure rises 
above the triple point pressure (Point A in Fig.10 (b)), 
the pressure container is hold to be shaked to make the 
temperature distribution even, thus the pressure drops 
down to triple point pressure. After that, the pressure 
rises again and again and needs to be shaked repeatedly. 
The existence of the solid can be confirmed in this 
process from the knocking sound inside the pressure 
container. At last, the pressure does not drop (point B) 
even though the pressure container is strongly shaked 
and no knocking sound occurs. This shows solid is not 
exist, and the complete liquefaction is achieved. 
    

0 1000 2000 3000 4000 5000 6000 7000
0.00

0.42P
re

ss
ur

e(
M

P
a)

Time(s)

20NL/min,Shaking

0 1000 2000 3000 4000 5000 6000 7000
0.00

0.42

20NL/min,Stationary

sT 1861 = sT 2822 = sT 1383 = sT 764 =

sT 3121 = sT 1722 = sT 953 = sT 534 =

(a)

(b)

A B

 
        Fig.10 Experimental results of pressure with time 

When the complete liquefaction is achieved, the output 
period at the flow rate of 20[L/min (nor)] is 1T =312s, 

2T =172s, 3T =95s…, as shown in the Fig.10 (b), which 
is a geometric progression with the ratio of 0.55. 
Since the temperature inside the pressure container is 
always constant at the triple point, the temperature of 
the environment does not change very much either, thus 
the heat transfer rate q should be almost constant. 
Therefore, the energy balance can be expressed in 
equation (1) which shows the heat emitted from freezing 
process plus the heat transferred from the environment 
equals the heat of vaporization. The conservation of 
mass can be expressed in the equation (2).   

i

fi
s T

HMqHG ∆
+=∆   (1) 

iii GTMM −=+1    (2) 
So the ratio of output period geometric progression can 
be given by equation (3), which shows a constant ratio 
when the gas flows out at a constant mass flow rate G . 

qHG
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T
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−∆

∆
−=+ 11      (3) 

When flow rate is 20[L/min (nor)] and the ratio is 0.55, 
and heat transfer rate q equals 4.5[kJ/min]. However, 
the heat transfer rate q measured in this way shows that 
q is about in the range of 3.5~4.5 [kJ/min] as shown in 
Fig.11, which shows some increasing tendency as the 
output flow rate increases. 
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Fig.11 Experimental results of q vs. vario us flow rates Q 

When the Dry Ice Power Cell is carried by a person, 
because there are often shake movement accompany by 
walking movement, the actual using condition of Dry 
Ice Power Cell is  believed near the condition of 
complete liquefaction. 
Developed pneumatic power source stores 430g dry ice, 
which can evaporate to 218L (nor) gas or 42L at 
pressure of 0.42[MPa]. The pressurized gas can do 
18[kJ] (5Wh) work, and can give power as shown in 
Table 1. For example, when the output valve is full 
opened and 110L/min (nor) flow rate can be obtained 
for about 40 seconds, thus can output 150W power in 40 
seconds. 

Table 1 Output power of Dry-ice Power Cell 

Q (L/min(nor)) 1T  ALLT  Power(W) 
0.4 7.5  hour 7.5 hour 0.6 
4 57   min  57  min  5 

20 5     min 11  min 27 
110 40 second 2    min  150 

 
5.2 APPLICATION TEST 
The Dry Ice Power Cell is applied to the driving of a 
cylinder. The experimental setup is shown in Fig.12.   
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Fig.12 Setup of experiment 
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The cylinder is controlled by meter-out circuit, and the 
displacement of the cylinder y and the pressure in the 
pressure container are measured by potentiometer and 
pressure sensor. The working period of the cylinder is 
recorded. 
  Table 2 Parameters of experiments and iT  

 No Diameter 
(mm) 

Stroke 
(mm) 

Period 
(s) 

iT   
(min) 

Mean flow rate 
(L/min(nor)) 

  1   10   45  1 40, 6, 2        5 
  2   10   45  2 90        2.5 
  3   25 255  5 6.2,3.4,1.9,1.1       16 

 
The experimental results of two cylinders in three 
conditions are listed in table 2. A cylinder o f 10mm in 
diameter, 45mm in stroke is driven at a period of 1 
second, and three periods of 1T , 2T , 3T is achieved. The 
same cylinder is driven at a period of 2 second, only one 
period of 90 minutes output is achieved. A cylinder of 
25mm in diameter, 255mm in stroke is driven at a 
period of 5 second, and output periods of 1T ~ 4T are 
achieved.  

1010 1011 1012 1013 1014
0.0

0.2

0.4

yPressure

y(
m

m
)

Pr
es

su
re

[M
Pa

]

Time(s)

0

20

40

 
               Fig.13 Experimental results (No.1) 

The pressure in the pressure container and the 
displacement of the cylinder y of the experiment No.1 
is shown in Fig.13. Notice that the pressure has only 
small fluctuation even though the output flow has an 
intermittent change. This shows the Dry Ice Power Cell 
can give intermittent output flow at a constant pressure 
and the air receiver is not necessary which is often 
necessary in the pneumatic system. This  makes it very 
convenient for the pneumatic system to achieve small 
size and light weight.  
 
5.3 SAFETY CONSIDERATIONS 
Although the gas CO2  is nonpoisonous, it causes some 
health problems when people breathe it in at high 
concentration. However, an adult in quiet breathe blows 
out CO2 at the flow rate of nearly 0.45L/min, which is 
near 0.4 L/min (nor) the output of the Dry Ice Power 
Cell at separate position. A 2.4kW/h gas-heater 
generates  220L CO2 within one hour, which is near the 
amount of the CO2 generated by 430g dry ice. Therefore, 
Dry Ice Power Cell is safe even for using at home. 
Because dry ice is  obtained from by-product stream 
from manufacturing processes, the Dry Ice Power Cell 

makes no more CO2, and is considered to have little 
effect on increasing the amount of CO2 in the 
atmosphere which can cause global warming. 
 

6. CONCLUSIONS 
 

A novel pneumatic power source is proposed in this 
paper. By using the physical property of carbon dioxide 
at the triple point, and by controlling the heat transfer 
from the environment into the pressure container, a 
noiseless, large capacity and portable power source 
which is named Dry Ice Power Cell is developed. 
Proposed pneumatic power source can be widely used in 
self-powered mobile applications such as wearable 
actuator and rescue robot etc. 
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ABSTRACT 
 

This paper presents the first study on how the unbalance of temperature recovery after air charged has a significant 
effect on the accuracy and repeatability of air leak detection. From this viewpoint, temperature recovery time is derived 
and affecting parameters are investigated. In a leak detection based on differential pressure measurement, the leak is 
detected by measuring pressure difference between a reference component, which is leak tight, and a tested component 
using a differential pressure sensor. When the tested component is leaking, the pressure inside it decreases and the 
pressure difference with the reference is measured. However, when the required temperature recovery time is not 
satisfied, unbalance of temperature recovery due to a possibly small difference of heat transfer coefficient between the 
reference and tested component can produce pressure difference that is similar in size as a real leak and larger 
uncertainty. This phenomenon is described theoretically and the experimental data are in satisfactory agreement with the 
calculated results. 
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NOMENCLATURE 
 

b : Critical pressure ratio []
C : Sonic conductance [m3/(s.Pa]
Cp :

: 

Specific heat at constant 
pressure 

[J/(kg・K)]

Cv : Specific heat at constant 
volume 

[J/(kg・K)]

G : Mass flow rate [kg/s]
h : Heat transfer coefficient [W/(m2・K)]
κ  : Ratio of specific heat []
m : Mass [kg]
P : Pressure [kPa]

ΔP : Differential pressure 
(ΔP=Pt-Pm) 

[Pa]

q : Volume flow rate [m3/s]
QL : Leak rate [cc/min]
QLG : Generated leak rate [cc/min]
R : Ideal gas constant [m2/(s2・K)]
Sh : Heat effective area [m2]
Th : Thermal-time constant [s]
Tr : Temperature recovery time [s]
Trr : Required temperature 

recovery time 
[s]

V : Volume [cc]



θ : Temperature [K]
Δθ : Differential temperature [K]
e : Measurement error [cc/min]
σ : Standard deviation [cc/min]
ρo : Air density  [kg/m3]

Subscripts 
m : Master 
t : Tested 

 
 INTRODUCTION 

 
The growing need for leak tight products has made 
researchers as well as leak tester manufacturer 
competing to develop a better leak tester. Various leak 
detection methods have been developed to satisfy the 
wide range of leak size down to 10-12cc/min depending 
on the application. In a leak detection based on 
differential pressure measurement, leakage is detected 
by measuring pressure difference between a reference 
and a tested component using a differential pressure 
sensor. As compared with only measurement of pressure 
inside the tested component chamber, measurement of 
differential pressure between the dual chambers, in 
which a leak-tight master is used as a reference, has 
several advantages. The waiting time for detection can 
be shortened, thermal instability can be reduced and 
influence of external environment change can be 
counterbalanced. 
E.B. Arkilic described in his paper that temperature 
stability of the environment surroundings the low flow 
system and temperature stability within it influences the 
result. The more accurate the detection result and the 
smaller the leak size to be detected the higher the 
temperature stability requirement [1]. 
During the charging process in to a chamber, T. Kagawa 
demonstrated in his paper that pressure response within 
the chamber is affected by the heat transfer between the 
air in the chamber and the chamber wall [2]. Higher 
tested pressure takes longer temperature recovery time 
and bigger chamber volume also needs longer 
temperature recovery time. This must be considered 
when differential pressure measuring technique is going 
to be utilized for leak tester. 
When two chambers are charged simultaneously, 
unbalance of temperature recovery due to a small 
difference of heat transfer coefficient occurs and 
produces differential pressure that is similar in size as a 
real leak and uncertainty to the air leak detection. In this 
paper, these phenomena are analyzed theoretically and 
verified experimentally. 

 
MODEL AND ANALYSIS 

 
When a chamber is charged as illustrated in Figure 1, 
temperature inside the chamber increases to a certain 
level and recovers to atmosphere temperature due to 

heat transfer. And when the charging process is stopped 
during temperature recovery, the pressure inside the 
chamber decreases proportionally to the temperature 
change within the chamber [3]. To describe this 
phenomenon, first, the ideal-gas equation of state is 
derived as follow: 
 

G
V
R

dt
dP

dt
dP θθ

θ
+=       (1) 

 
From the conservation of energy, the following equation 
is obtained: 
 

( ) QRGGC
dt
dmC auauvv ++−= θθθθ        (2) 

 
As the atmosphere temperature is maintained constant at 
a certain levelθa, the heat transfer rate passing through 
the chamber wall can be expressed as: 
 

q=hSh(θa –θ)        (3) 
 
Based on Eq. (1), Eq. (2) and Eq. (3), the pressure and 
temperature change inside the chamber after charging 
process, can be expressed utilizing the following 
equations: 
 

G
V
R

dt
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dP θθ
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Where the mass flow rate to the chamber is expressed as 
[4]: 
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Figure 1 Air charged in to a chamber 
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Figure 2 Air charged simultaneously to two chambers 
 
 
The simulated results of pressure and temperature 
change within the chamber after stop charging at 6s, 
under pressure 500kPa and chamber volume 140cc are 
shown in Figure 3. As illustrated in the figure, the 
pressure within the chamber decreases as a result of 
temperature recovery. 
In a differential pressure type air leak tester as displayed 
simply in Figure 2, two chambers are charged 
simultaneously to supply pressure before starting leak 
detection.  
After charging process is stopped at Tr = 6s, to start leak 
detection, temperature difference due to inadequate 
temperature recovery produces differential pressure that 
is similar in size as a real leak even though tested 
chambers is leak-tight. 
These phenomena are demonstrated theoretically in 
Figure 4. As illustrated in the figure, although the heat 
transfer coefficient is only 0.26% different between 
master and tested chamber, a 0.01K remaining 
unbalance of temperature recovery occur at this point 
due to inadequate temperature recovery time and this 
produces a pressure difference of 6Pa even though 
tested tank is leak-tight. When the charging is stopped at 
a longer time (i.e. 10s), the pressure difference becomes 
about 3.5Pa. It is clear that longer waiting time is 
necessary to create adequate temperature recovery and 
to eliminate the pressure difference not due to leak. 
Leak size for dual chamber method is simply calculated 
based on the derivation of ideal gas equation: 
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If the two chambers are equal in temperature, volume 
and undergo identical thermal fluctuations, then the leak 
rate is given by: 
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Figure 3 Pressure and temperature inside the chamber 

[Charging is stopped at 6s] 
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Figure 4 ΔθandΔP change between the two chambers 

[hｍ=30W/(m2K), ht=30.08W/(m2K)] 
 
 

Generally, the last part of Eq. (8) can be neglected since 
ΔP and dt

dθ  is very small as compared with θ2. 
 

LEAK DETECTION  
 

The developed leak tester 
The developed leak tester as illustrated in Figure 5 
consists of 5 main elements: PLC (Programmable Logic 
Controller), PC (Personal Computer), a reference and 
tested component, a differential pressure sensor and 
valves. The valves are controlled by the PLC based on 
the sequence as displayed in Figure 6. The room 
temperature is maintained constant at 20o C.  
The applicability under high pressure and the 
leak-tightness of the leak tester before utilizing for leak 
detection are important to be guaranteed. By 
disassembling both master and tested chamber, the leak 
tester is charged up to 800kpa.  
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Figure 5 Developed leak tester 

 
 
At the possible shortest temperature recovery time 6s, 
the charging is stopped and the differential pressure 
response between reference and tested circuit is 
recorded, and repeated 5 times under the same 
experimental condition to guarantee the repeatability of 
the leak tester. As illustrated in Figure 7, the differential 
pressure responses after the charging process is stopped 
at 6s are stable, constant at zero level and high 
repeatability. The experimental result demonstrates the 
applicability of the developed leak tester under high 
pressure, pressure balance between reference and tested 
circuit, and the leak-tightness of the leak tester. 
Characteristics of leak-tight chamber 
As demonstrated in the simulated results that inadequate 
temperature recovery can produce pressure difference 
that is similar in size as the real leak although tested 
chamber is leak-tight. The experimental results, as 
displayed in Figure 8(a) and 8(b), are carried out under 
leak-tight tested chamber, 5 times repetitions and in two 
different Tr(i.e. 6s and 10s). The results are in 
satisfactory agreement with the simulated results.  
Since the charging process passing through a sudden 
enlargement from the pipe to the chamber, the 
experimental results also show the effect of inadequate 
temperature recovery to the range of uncertainty as 
demonstrated in Figure 8. Within 5 sample data, the 
range of uncertainty of the differential pressure response 
due to inadequate temperature recovery is larger when 
shorter Tr is applied. 
Leak generation and detection results 
As displayed in Figure 5, leakage is generated by a 
variable restrictor attached to the tested chamber. The 
generated air leak is measured by a mess cylinder filled 
with water connected at the end of the pipe. 
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Figure 6 Valve control sequence 
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 Figure 7 ΔP response of leak tester  

 
 

Based on the JPAS002-1984 standard for air leak 
measurement, the generated leak rate is the ratio of the 
collected air volume due to leakage in the top of the 
mess cylinder to time consumption Δt during leak 
detection. 
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Figure 8 Simulated and experimental results of the ΔP 
responses for leak-tight tested chamber, Experiment is 
carried out 5 times, P=500kPa and V=140cc: [a]Tr=6s 

and [b] Tr=10s 
  

 
The experiment on leak tested chamber was carried out 
by generating 0.3cc/min leakage from the tested 
chamber and five sample data were recorded at each 
temperature recovery time to investigate the 
repeatability of the detection results. The experimental 
results are summarized in Figure 9(a) and 9(b) for Tr=6s, 
and 10s respectively. 
Figure 9(a) demonstrates that inadequate temperature 
recovery produces larger uncertainty or low 
repeatability which is shown by about 24Pa range of 
uncertainty of the differential pressure ΔP change 
within 5 sample data due to 0.3cc/min generated leak. 
However, when the temperature recovery time Tr is set 
to be longer (Tr=10s), the differential pressure ΔP 
response varies narrowly about 4Pa as demonstrated in 
Figure 9(b). 
Table 1 displays the summary of the precision and 
accuracy of the detection results in various Tr and leak 
sizes which are indicated by the measurement error e 
and the standard deviation σ respectively. 
 

REQUIRED TEMPERATURE RECOVERY  
 

The uncertainty of the differential pressure responses for 
leak-tight tested chamber in various pressures and 
volumes are summarized in Figure 10.  

Δ
P

 [P
a]

t [s]

0

20

40

60

80

100

0 2 4 6 8 10

Experiment 1 

Experiment 2

Experiment 3

Experiment 4

Experiment 5

[a]

 

Δ
P

 [P
a]

t [s]

0

20

40

60

80

100

0 2 4 6 8 10 12 14

Experiment 1 

Experiment 2

Experiment 3

Experiment 4

Experiment 5

[b]

 
 

Figure 9 Differential pressure change under 5 times 
repetitions for 0.3cc/min generated leak from tested 

chamber for P=500kPa and V=140cc: [a]Tr=6s and [b] 
Tr=10s 

  
 

Table 1 Measurement error and deviation 
(a) P=500kPa and QLG= 0.3cc/min 

 
Tｒ e σ   

6 0.04 0.01 

10 0.02 0.002 

14 0.01 0.001 

 
(b) P=500kPa and QLG= 0.05cc/min 

 
Tｒ e σ  

14 0.004 0.01 

18 0.001 0.006 

22 0.001 0.002 

 
The experiments were carried out by taking the 
maximum range of uncertainty within five sample data 
for various pressures (i.e. 200kPa, 500kPa and 800kPa), 
various volumes (i.e. 140cc and 400cc) and 4s time 
increment (i.e. 6s, 10s, 14s and 18s). 
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Figure 10 Range of uncertainty in various pressures 

 
 

Higher accuracy requires lower uncertainty and a 
0.001cc/min of accuracy requires less than 10Pa and 
35Pa tolerable range of uncertainty of the differential 
pressure response for chamber volume 140cc and 400cc 
respectively. The required temperature recovery time Trr 
is defined as the minimum temperature recovery time 
that can produce range of uncertainty less than 10Pa and 
35Pa for chamber volume 140cc and 400cc respectively 
which is shown by the solid line in Figure10. And the 
experimental results of the Trr are summarized in Figure 
11 upper side.  
It is clear that Trr depends on the charged pressure and 
chamber volume.However, it is difficult to determine it 
by drawing the curve of uncertainty as shown in Figure 
10, since it takes long time to conduct experiments 
under different Tr. 
Here, we disscus the relation between Trr and the 
thermal time constant. The thermal time constant is 
defined in the following equation [5]. 
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Because Trr is also a parameter proportional to the 
charged pressure and related to chamber volume as 
shown in Figure 11 upper side, we calculate their ratio 
and show the result in Figure 11 lower side. It can be 
seen that the ratio is less than 6. Therefore, as a 
practical determination method, the required 
temperature recovery time can be approached by setting 
6 times of the calculated thermal time constant for 
various pressures and volumes. 
 

CONCLUSIONS 
 

A differential pressure type air leak tester is studied.  
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Figure 11 Required temperature recovery and 
thermal-time constant 

 
 
Temperature recovery and its unbalance due to a small 
difference of heat transfer are discussed. This unbalance 
and inadequate temperature recovery produces 
differential pressure between master and tested chamber 
though the tested chamber is leak tight. Furthermore, 
this differential pressure is uncertain due to uncertainty 
of heat transfer. Due to the difficulty of determining the 
required temperature recovery time experimentally, its 
relation with thermal time constant has been 
investigated and proposed in this research to be utilized 
to estimate the required temperature recovery time that 
is very meaningful in leak detection field. 
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ABSTRACT 
 

In pneumatic position and force control systems, nozzle-flapper type servo valves are usually used for the pressure 
control. This paper proposes a linear model for a 4-port nozzle-flapper type pneumatic servo valve, which also includes 
the influence of the flow force, by deriving it from a full nonlinear model. The proposed linear model had a better 
agreement with experimental dynamics response than the former one which neglects the flow force. Furthermore, the 
proposed model was applied to achieve the differential pressure control between two symmetrical control chambers. A 
two degree-of-freedom (TDF) controller was designed based on the proposed model. The experiment results showed 
that differential pressure controllability could be improved for the reference input tracking and disturbance restraining 
by using the proposed model. 
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NOMENCLATURE 
 

Bf damping coefficient of the 
armature-flapper 

[N·m·s] 

bo1, o2 critical pressure ratio of the left 
and right fixed orifice 

[--] 

bn1, n2 critical pressure ratio of the left 
and right nozzle-flapper 

[--] 

Co1, o2 sonic conductance of the left and 
right fixed orifice 

[s·m4/kg]

Cn10, n20 sonic conductance of the left and 
right nozzle-flapper at zero input 
current 

[s·m4/kg]

Gc1, c2 mass flow rate of the left and right 
control side 

[kg/s] 

   
Go1, o2 mass flow rate through the left and 

right fixed orifice 
[kg/s] 

Gn1, n2 mass flow rate through the left and 
right nozzle-flapper 

[kg/s] 

i input current [mA] 
J moment of the armature-flapper [kg·m2] 
Ka rotational stiffness of the flexure 

tube 
[N·m/rad]

Kf1, f2 flow force cofficient of the flapper 
left anf right side  

[N/Pa] 

Km magnetic rotational stiffness [N·m/rad]
Kt torque-motor gain [N·m/mA]
lf distance from the nozzle to the 

pivot point of the armature-flapper 
[m] 
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mo1, o1 subsonic index of the left and right 
fixed orifice 

[--] 

mn1,n2 subsonic index of the left and right 
nozzle-flapper 

[--] 

Pa atmosphere pressure [Pa] 
Pc1, c2 left and right side control pressure [Pa] 
Ps supply pressure [Pa] 
R gas constant [m2/s2·K]
V1, 2 volume of the left and right 

control chamber 
[m3] 

Te time constant due to eddy currents [s] 
Tt torque caused by electromagnetic 

forces  
[N·m] 

x flapper tip displacement [m] 
xf distance from flapper tip to each 

nozzle at zero input current 
[m] 

∆P differential pressure between both 
control sides ∆P=Pc2-Pc1 

[Pa] 

α armature-flapper deflection [rad] 
θ control chamber air temperauture [K] 
ρ air density for standard conditions [kg/m3] 

 
INTRODUCTION 

 
In many pneumatic position and force control systems, 
nozzle-flapper type servo valves are normally used for 
controlling small flow rates. For example, the air-spring 
type horizontal vibration isolation is mainly achieved by 
differential pressure control using a 4-port 
nozzle-flapper type pneumatic servo valve due to its 
simple construction, high sensitivity and wide frequency 
band [1]. Therefore, modeling the servo valve is 
important for designing a good performance control 
system. However, there was no general mathematic 
model describing a nozzle-flapper type pneumatic servo 
valve considering the flow force on the flapper. The 
nozzle-flapper type servo valve is usually treated as a 
proportional element with the torque motor dynamitic 
and the flow force being neglected. The pneumatic 
control system with a nozzle-flapper element is 
generally approximated to a first order lag system 
assuming an isothermal state change for the air in the 
load chamber [2]. The conventional control approach 
for differential pressure control uses a PID controller 
regarding the system model as a first-order model, in 
which parameters are recognized by experiment 
directly. 
In this research, a full nonlinear model of the 
nozzle-flapper type servo valve was derived including 
the torque motor dynamics and the flow force. The 
linear model is derived through linearizing the nonlinear 
model around it equilibrium state. Through the 
simulation and experiment for the dynamics response, 
the influence of the flow force is confirmed. Using the 
proposed linear model a two-degree-of-freedom control 
system is designed for the differential pressure between 
the two load chambers. 

 
Dynamics of servo valve and control chamber 

 
The differential pressure control system shown in Figure 
1 consists of a 4-port nozzle-flapper type 
electronic-pneumatic servo valve with dual fixed 
orifices and dual nozzles and two load chambers called 
as Isothermal Chambers. The armature-flapper is moved 
by a torque motor consisting of a coil and vertically 
arranged magnets. Movement of the flapper changes the 
distance between it and both nozzles. This creates 
different pressures, Pc1 and Pc2, in the control sides. In 
the steady state, the differential pressure, ∆P=Pc2-Pc1, is 
proportional to the input current The two Isothermal 
Chambers, in which the copper wires with the diameter 
of 50 µm are stuffed uniformly, are connected to the two 
control ports of the servo valve as load chambers 
respectively. 
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Figure 1 differential pressure control system 
 
The toque Tt, driving the armature-flapper generated by 
the coil current considering the influence of the eddy 
current, is given as the following [3]: 
 

iKKTTT imtte +=+ α&     (1) 
 
The moment around the pivot of the armature-flapper 
around is obtained by 
 

( ) fffcfcfatf lxBlPKPKKTlxJ &&& −−+−= 2211α (2) 
 
The first term is toque of the torque motor as Eq. (1). 
The second term is the torque on the armature-flapper 
around the pivot, caused by the flex-tube which acts as 
an elastic support. The third term is the torque on the 
flapper around the pivot, caused by flow forces which 
are generated by air jet from the two nozzles. 
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In Eq. (2), the left and right side flow force coefficients 
are determined by the experimental approach using the 
following approximant equations [5]. 
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With respect to the compressibility of air, the flow state 
through the fixed orifice and the nozzle-flapper can be 
sonic or subsonic depending upon the upstream/ 
downstream pressure ratio. Firstly, the flow rate through 
the fixed orifice is given by 
 
 )( cosoo PPCG ϕρ=        (5) 
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Go, Co, Pc, bo, mo and φo, for the left and right side of the 
flapper are identified by attaching the subscripts 1 and 2 
respectively. 
The flow rates through the two nozzle-flappers are 
given by 
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In the above equation, φn Pc, bn, and mn, for the left and 
right side of the flapper are identified by attaching the 
subscripts 1 and 2 respectively. The nozzle-flapper 
critical pressure ratio and subsonic index are 
considering constant with the flapper displacement 
change. 

Air temperature inside the chamber is considered 
constant and isothermal state during pressure and flow 
rate change. It is because that the high heat capability of 
copper wire than air and large heat area between the 
copper wires and air inside the chambers. So air 
dynamics in two load chambers are obtained from air 
state equation [4]. 
 

   cc P
R
VG &
θ

=        (8) 

 
Applying the continuity equation to the 4-port 
nozzle-flapper servo valve, the following equation can 
be obtained: 
 

    noc GGG −=       (9) 
 

Gc, Kc, V, Pc, Go and Gn for the left and right side of 
flapper are expressed by attaching the subscripts 1 and 2 
respectively. 
 
Linear model for differential pressure model 
The linear model is derived from the above nonlinear 
model at an equilibrium state. The equilibrium states are 
obtained for zero input, i.e., i=0 as follows: 
    α0=0, x0=0,  
Pc10 and Pc20 can be calculated from Eqs. (5)-(7) and 
(11) when the flow rate through the fixed orifice equals 
that through the nozzle-flapper; the flow state at the 
fixed orifice is subsonic and that at the nozzle-flapper is 
sonic. 
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Because the two control pressures at equilibrium are not 
zero, the pressure variations and flow rate variations 
dynamics to the input current variation derived in 
Appendix A, have the forms shown in Figure 2. This 
block diagram shows that a differential pressure control 
system for two fixed chambers with a nozzle-flapper 
type servo valve can be validly represented by a fourth 
order model. Furthermore, the flow force can be 
considered as the disturbances to flapper movement. 
The specific servo valve used in the experiment system 
is part AS121005 as manufactured by the PSC Company. 
The control pressure change range is 300~400 kPa for 
the rated current of ±100 mA and air supply pressure of 
400 kPa. The rated differential pressure is 8.6 kPa for an 
input current of 10 mA. The two chambers with the 
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effective volume of 95 cm2, in which the copper wires 
with the diameter of 50 µm and weight of 0.4 kg are 
stuffed uniformly, are connected to the two control ports 

of the servo valve closely neglecting connecting section. 
The experiments were performed at a constant ambient 
temperature of 20 °C and a supply pressure of 400 kPa. 
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Figure 2 Schematic of a linear model for a combination of servo valve and control chambers 
 

To validate the derived linear model, the step responses 
and frequency responses for the proposed model and 
experiment were achieved. Various step input currents 
were applied to the model and experimental setup. The 
input current was varied using step-up signals with 
magnitudes of ±10%, ±20% and ±30% of the rated 
current. There is good agreement between the results of 
the simulation and experiment, as shown in Figure 3. 
Furthermore, comparison between the results of the 
experiment and the simulation which neglects the flow 
force yields a steady state error of about 30%. This 
shows that flow force has the effect of reducing the 
pressure gain of the servo valve. 
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Figure 3 Step response of the differential pressure 
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Figure 4 Frequency response of the differential pressure 
 
The frequency response was obtained by superimposing 
a 5 mA swept sinusoidal current on a biased zero input 
current and is summarized in the bode diagram shown 
in Figure 4. From this bode diagram we may see that the 
gains for both the experiment and model descended to 3 
dB at about 0.65 Hz. At about 400 Hz a peak appears in 
the bode diagram and corresponds to the resonant 
frequency of the armature-flapper. The influence of the 
flow force on frequency response is almost negligible. 
The dynamics of the system is mainly dominated by the 
air dynamics in the control chamber in the low 
frequency field. Many electro-pneumatic servo 
applications demand closed loop bandwidth far below 
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the servo valve bandwidth, therefore the dynamics of 
the combination of servo valve and control chambers 
can approximately be considered as a first order loop for 
the servo control design. 
 

Control system control design 
 

To obtain high performance control results for reference 
tracking and disturbance restraining simultaneously, a 
two degree-of-freedom (TDF) controller is designed for 
the differential pressure control. It comprises two 
components, a prefilter and a feedback compensator. 
The control system is shown as Figure 5. 
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Figure 5 Differential pressure control system with a 
TDF controller 
 
Gp(s) is the transfer function of the combination of 
servo valve and control chambers shown in Figure 2. 
The FB compensator is designed as a PI controller 
consisting of a proportional coefficient Kp and an 
integral coefficient Ti: 
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The prefilter is designed as follows: 
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Different outputs results for models, with and without 
flow force, with respect to input current show the flow 
force is mainly influencing the gain of the transfer 
function for servo valve show in Figure 3. Therefore the 
different controllers need to be designed for different 
models with respect to the same reference input. 
In order to confirm control effect, using the models 
including and neglecting the flow force we designed the 
different controllers. The controller design is performed 
as the following. Firstly because the model has been 
established clearly shown as Figure 2, the parameters of 
the FB compensator can be tuned using simulating the 
model, no depending upon the experiment investigation, 
by the Critical Gain Method of Ziegler-Nichols shown 
as Table 1. Next the parameters of the prefilter are 
usually recommended as c1=0.4 and c2=1.35 referring to 
[6]. 

We introduced the parameters of the above two TDF 
controllers to the digital experimental control system 
respectively and compare the control results to the step 
input and step disturbances respectively. 
 

Table 1 FB compensator parameters 
 

No  Kp Ti [s] 

1 Model including the 
flow force 4.5 0.238 

2 Model neglecting the 
flow force 3.375 0.270 

 
Figure 5 shows the experiment step response using each 
TDF controller for a reference amplitude of 20 kPa. 
Better differential pressure response is achieved with the 
more accurate control model including the influence of 
the flow force and the rising time to 64% of the 
reference is 53 ms. Compared with it the rising time of 
the combination model and the control model neglecting 
the flow force of the servo valve are 257 ms and 73 ms 
respectively. 
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Figure 6 Step reference tracking responses 
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Figure 7 Disturbance restraining response 
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As a disturbance, an additional pressure with the 
amplitude of 3.7kPa and time interval of 1.74 s is added 
to right control chamber after the control system has 
settled to the steady state. Figure 7 shows that 
disturbance restraining response of the control model 
including the influence of the flow force and neglecting 
it at the steady state of 20 kPa. Quicker disturbance 
restraining effect with the control model including the 
influence of the flow force shows the differential 
pressure controllability could be improved. 

 
Conclusion 

 
A linear model for the differential pressure has been 
derived from the nonlinear model for a 4-port 
nozzle-flapper type pneumatic servo valve and two 
control chambers including the flow force of the servo 
valve. Simulation and experiment show that the flow 
force influences the steady state error of the servo valve 
dynamics. The differential pressure control system 
design using a TDF controller has been performed based 
on the two models including and neglecting the flow 
force. As expected and verified by the experiment, 
better control effect for reference input tracking and 
disturbance restraining is achieved for the proposed 
model including the flow force than the model 
neglecting it. It is signified that the differential pressure 
controllability can be improved by using the proposed 
model. 
 

Appendix A: Derivation of the linear model 
 
From the armature-flapper model in Eq. (1) and (2), a 
transfer function, relating the displacement due to input 
current and the control pressure can be derived as 
follows: 
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where 

ma KKa −=0 , eaf TKBa +=1  

ef TBJa +=2 , eJTa =3  
K10 is Kf1 at the equilibrium position. 
K20 is Kf2 at the equilibrium position. 
By linearizing Eq. (7) at the equilibrium position, the 
flow rate variation at the fixed orifice can be obtained 
from the control pressure variation as follows: 
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By linearizing Eqs. (8) and (9) at the equilibrium 
position (x=x0=0, Pc1=Pc10, Pc2=Pc20), the flow rate 
variation at the nozzle-flapper can be obtained from the 
displacement variation and the control pressure 
variation as follows: 
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The transform function of the dynamics in the control 
chamber shown as in Eq (10) can be written as follows:  
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ABSTRACT 
 

Seals are generally inexpensive machine elements, but in industrial fluid power systems the costs of sealing failure can 
be much higher than the cost of replacing the damaged seal due to, e.g., costs related to process downtime. 
Consequently, careful design evaluation is needed. In this study, the capability of a large diameter rotary face seal of 
spring-loaded type to respond to unwanted axial motion between the sealing surfaces caused by sudden changes in 
loading of components of the process machinery was evaluated. 
Explicit finite element analysis, well suited for highly non-linear problems involving frictional contact, was used to 
compute the response of the seal to forced relative axial motion of the sealing surfaces. For condition monitoring, 
temporal variation of the total contact force exerted on the counterface, i.e., the sealing force during excitations was 
recorded, representing simple virtual sensor output describing the relation between axial motion and contact situation. 
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NOMENCLATURE 
 

B  : Seal cross-section width [mm] 
b  : Spring cross-section width [mm] 
E  : Young’s modulus [N/m2] 
H  : Seal cross-section height [mm] 
h  : Spring cross-section height [mm] 
PTFE : Polytetrafluoroethylene 
R  : Seal contact radius [mm] 
r  : Radial coordinate [mm] 
t  : Spring thickness [mm] 
W  : Seal contact width [mm] 
α  : Coefficient of thermal expansion [1/°C] 
µ  : Friction coefficient [ - ] 
ν  : Poisson’s ratio [ - ] 

ω  : Angular velocity [1/s] 
ρ  : Density [kg/m3] 
σY  : Yield stress [N/m2] 

 
INTRODUCTION 

 
This study was motivated by a need to evaluate 
prospective seal designs of critical components in 
process machinery. In a previous study [1], an initial 
seal profile shape of two different sizes was investigated 
in which the seal lip had approximately the same radial 
location as the actuation zone of the spring. For this 
study, the seal profile was modified by changing the 
radial location of the lip in relation to the actuation zone 
of the spring in order to increase the contact pressure on 
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the oil side of the lip. The capability of the modified 
rotary face seal design to react to excessive axial motion 
between the sealing surfaces was investigated. In 
addition, for condition monitoring purposes, the contact 
situation between the seal and the counterface was 
monitored by recording the sealing force values during 
axial motion excitations. 

 
METHODS 

 
Seal model 
The cross-section of the seal is shown in Figure 1. The 
dimensions were R = 249 mm, W = 0.2 mm, B = 13 mm, 
H = 7 mm, b = 6 mm, h = 4 mm and t = 0.26 mm. A 
corresponding axisymmetric finite element model of the 
seal was built, Figure 2. Abaqus/Explicit was used for 
solving the response to the axial excitations. The model 
comprised 450 CAX4R elements in the seal jacket and 
168 CAX4R elements in the spring. The rotor, clamp 
and counterface were modeled as rigid parts. 
Frictional contact was specified between the different 
parts. In the static joints between seal and clamp and 
seal and rotor the coefficient of friction was 0.1. The 
same value was chosen for the dynamic joint between 
seal and counterface because relatively high contact 
stresses were expected at the seal lip and sliding speed 
in the radial direction was expected to be low [2]. For 
the seal-spring contact pair three different friction 
coefficient values were tested: µ = 0.06, 0.18, 0.36. The 
base value of 0.06 was chosen to represent friction 
between seal and spring at low sliding speeds [3]. The 
other values were chosen to model the effect that dirt 
and deposits could have on the dynamic behavior of the 
seal-spring contact. 
Temperature dependent properties for the glass fiber 
filled PTFE material of the seal jacket [4] and the 
Hastelloy C-22 [5] spring were chosen according to 
Table 1. A Drucker-Prager material model was chosen 
for the PTFE material in Abaqus to be able to model the 
fact that the material had higher yield stress in 
compression than in tension. The same model was 
previously used in [1], in which the dependence 
between stress and plastic strain also was listed. 
Analysis steps and loads 
The actual analyses consisted of determining the 
response of the seal to relative motion between the rotor 
and the counterface. To be able to study the response, 
computations to obtain the operating conditions were 
conducted. The seal was first clamped against the rotor 
and subsequently compressed 0.9 mm against the 
counterface. Then the operating temperature distribution, 
the rotational body force and the pressure load were 
applied. The analyses were therefore carried out as four 
consecutive computational steps: 1) clamp, 2) compress, 
3) apply operating conditions and 4) apply excitation. 
The analysis time was 0.05 s in the three first steps and 
2.05 s in the excitation step, 2.20 s in total. To speed up 

the analyses in Abaqus/Explicit, mass scaling was used 
[6]; scaling factor 100 in steps 1)−3) and 400 in step 4). 
The temperature distribution in the seal profile was 
computed in a separate heat transfer analysis in 
Abaqus/standard. This was a simplified analysis in that 
only temperature boundary conditions corresponding to 
typical design requirements were applied. The 
temperatures in the response analyses varied from 
100 °C at the contact zone of the seal lip to 60 °C in 
regions in contact with the oil and 40 °C in boundary 
regions elsewhere. The centrifugal effects were taken 
into account by applying a rotational body force (ρrω2, 
ω = 81.7 1/s) in the radial direction to the spring and the 
seal jacket. The parts of the seal jacket in contact with 
the oil were loaded with a pressure of 0.05 MPa. 
Excitations 
Forced displacement excitations were applied to the 
seal-clamp-rotor combination to produce relative 
motion between the seal and the counterface. During the 
excitations the rotor and the clamp were allowed to 
move only in the axial direction and the seal and the 
spring interacted with the other parts only through 
frictional contact. 
Two different excitations were applied. Excitation 1 was 
produced from measurements of the relative motion 
between rotor and counterface in an industrial setting 
during a change in the loading of the machinery, Figure 
3 (a). The displacement signals were obtained by twice 
integrating the output signals of accelerometers 
measuring motion in the axial direction. The relative 
motion signal was produced by filtering (band-pass 
0.5-6 Hz) the displacement signals and computing their 
difference. This filtered relative motion signal is shown 
in Figure 3 (b) together with Excitation 2, a sinusoidal 
signal with an amplitude of 0.6 mm representing a 
situation of unwanted excessive relative motion. 

 
RESULTS 

 
Sealing force 
The sealing force, i.e., the temporal variation of the total 
contact force exerted by the seal on the counterface, 
recorded the response to different excitations. Abnormal 
contact situations, loss of contact or excessive contact 
outside the seal lip, were easily detected, as shown in 
Figure 4 (a). During Excitation 1 the maximum, 
minimum and average values of the sealing force were 
3.3 kN, 0.86 kN and 1.95 kN, respectively. These values 
were computed for µ = 0.06 between seal and spring. 
The influence of seal-spring friction on the seal 
dynamics was found to be small as shown in Figure 
4 (b). For all three values of µ tested, nearly the same 
force response was obtained. 
Stresses and contact pressure 
The contour plot in Figure 5 shows the axial stresses in 
the seal cross-section during normal operation (seal in  
base position after compression). 
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Figure 1 Cross-section of seal. Oil space on the right and air space on the left, towards the rotation axis. 
Dynamic sealing zone (W) will be in contact with the counterface. Upper parts of seal will be 
clamped against rotor. Detail L shows earlier seal lip design. 

 
 

 
 

Figure 2 Finite element model of spring-loaded face seal. Configuration before clamping and 
precompression shown. Axial direction is vertical and radial direction is to the right. 

 
 

Table 1 Material properties 
 

Property PTFE Hastelloy 

σY 
6 MPa @ 23 °C 

1.8 MPa @ 120 °C 

408 MPa @ 24 °C 

373 MPa @ 93 °C 

E 
600 MPa @ 23 °C 

205 MPa @ 120 °C 

206 GPa @ 24 °C 

203 GPa @ 93 °C 

ν 0.46 0.3 

ρ 2160 kg/m3 8690 kg/m3 

α 1.9 × 10-4 1/°C  (1) 1.1 × 10-5 1/°C 

    (1) For temperatures above 31 °C (3.3 × 10-4 1/°C in range 19-31 °C) 
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Figure 3 (a) Measured motion of rotor and counterface (stator) in process machinery. Change of loading 
at approximately 142 s. Excitation 1 has been produced from signals between vertical lines. 

 (b) Excitations applied to the seal-clamp-rotor combination. Curve in middle is Excitation 1, 
produced from the filtered signals in (a). Sinusoidal curve is Excitation 2, an artificial motion 
signal used for studying the effects of excessive motion and diagnostic capability of the virtual 
total contact force sensor.

As a result of clamping, there were high compressive 
stresses, reaching −10 MPa, in the seal flange. At the 
end of Excitation 1 there were high tensile/compressive 
bending stresses in the spring (+284 / −315 MPa) and in 
the vertical part of the seal profile (+4.6 / −4.7 MPa). In 
the beginning of the excitation the highest stresses in the 
spring exceeded the yield stress. Yielding was restricted 
to few elements close to the symmetry line of the spring 
in the outer element layers. 
Figure 5 also shows the stress field resulting from 
excessive contact between the vertical part of the seal 
and the counterface. A collision of this kind leads to 
permanent deformation of the profile with large plastic 
strains developing in the middle of the vertical part of 
the seal profile where there already were high 
compressive stresses during normal operation. In this 
region the axial compressive stresses reached −14 MPa 
and the equivalent plastic strains reached 7%. High 
axial compressive stresses were present in the seal lip at 
the contact zone. At the end of Excitation 1 the 
maximum compressive stress reached approximately 
−10 MPa. At the same time there were substantial radial 
compressive stresses in the seal lip reaching −5.6 MPa. 
High bending stresses also developed in the lower part 
of the seal between the vertical part and the lip. During 
Excitation 1 the highest values were ± 9 MPa. 
Figure 6 shows close-ups of the seal lip of both an 
earlier design and the current design. The axial stress 
concentration due to contact was on the air side of the 
contact zone. The contact pressure distribution under the 
seal lip was roughly parabolic in shape, Figure 7. When 
the seal profile was in base position (corresponding to 
0.9 mm compression) the contact pressure dropped to 
zero at the nodes closest to the oil side. 

 

DISCUSSION 
 

Current seal lip design 
The current seal lip design was conceived under the 
hypothesis that by moving the seal contact zone 
somewhat towards the air side, the spring would exert 
more pressure on the oil side of the contact zone 
compared to the earlier design, c.f. Figure 6. A design in 
which the peak of the contact pressure distribution is 
located on the oil side is often considered a prerequisite 
for good sealing capability in lip seals [7−9]. It appears, 
see Figures 6 and 7, that the design change was not 
radical enough. The peak of the contact pressure 
distribution did not relocate to the oil side of the sealing 
zone. The lower part of the seal jacket still pivots about 
the air side edge of the seal lip during axial motion. 
Apart from the high stresses in the seal flange caused by 
clamping, there were three high stress regions. High 
bending stresses were found in the vertical part of the 
seal, next to the clamp, and in the horizontal part 
between the vertical part and the seal lip. During 
Excitation 1 plastic strains developed in the latter region. 
In the seal lip, near the contact zone, the compressive 
stresses clearly exceeded the yield stress. 
Tracking capability 
The tracking capability of the current seal was found to 
be adequate for coping with the measured axial motion 
(Excitation 1) produced by changes in loading of the 
machinery. However, as shown by the response of the 
seal to Excitation 2 (Figures 4 and 5), small changes in 
the motion amplitude can cause leakage or even damage 
the seal, if it is not protected against excessive 
compression by proper seal housing design. 
 



 100044 Calonius 5/6   

 
 

Figure 4 (a) Sealing force values corresponding to Excitation 1 (smoother curve) and to Excitation 2 
(curve with spikes). Zero sealing force indicates loss of contact, while spikes indicate contact 
outside intended contact zone. 

 (b) Effect of friction between seal and spring (µ = 0.06, 0.18 and 0.36) on sealing force for 
Excitation 1. In the figure, the line width increases with the value of µ. 

 

 
 

Figure 5 Vertical, i.e., axial stresses in seal profile. Seal in base position after compression shown left 
and vertical part of seal colliding with counterface due to excessive axial motion (Excitation 2) 
shown right. High compressive stresses are produced in the attachment flange and typical 
bending stresses are seen in vertical regions of seal and spring. The collision results in high 
compressive stresses in the vertical part of the seal and deformation of the profile. 

 
 

 
 

Figure 6 Vertical stresses in seal lip. Earlier lip shape shown left and current lip shape shown right. In 
both cases the highest compressive stresses are located towards the air side of the contact zone. 

 



 100044 Calonius 6/6   

 
 

Figure 7 Contact pressure distribution under seal lip 
for current seal design. Seal profile in base position after 
Excitation 1. 
 
Note that the seal maintains contact (non-zero sealing 
force) with the counterface during the first cycle of 
Excitation 2, Figure 4 (a). It is only after the collision 
that loss of contact occurs during the recession part of 
the motion cycle. As long as the seal is undamaged, a 
natural upper limit on the rebound travel is the 
precompression, 0.9 mm in this case [1]. 
For the axisymmetric model the sealing force appeared 
to be a simple but appropriate indicator describing the 
overall contact situation between seal and counterface. 
A similar indicator was the temporal variation of the 
internal energy (strain energy plus plastic dissipation). 
For example, the internal energy curve had spikes 
coinciding with situations of excessive contact, but the 
sealing force curve depicts this situation more clearly. 
Loss of contact can also be more easily discerned from 
the sealing force curve. Loss of contact directly leads to 
leakage and collision can lead to leakage because the 
shape of the seal jacket is likely to change permanently. 
Finite element modeling 
Mass scaling was needed to keep the analysis time 
reasonable. During the assembly steps 1) to 3), the 
scaling factor was not increased above 100 to avoid 
artificial inertial effects. During excitation a scaling 
factor of 400 was considered acceptable because as long 
as the seal lip stayed in contact with the counterface 
artificial inertial effects were not perceived. With these 
settings and a total analysis time of 2.2 s, the analysis 
was typically left to run overnight on a PC workstation. 
The mesh density was chosen so as to adequately 
describe the overall dynamic behavior of the seal profile. 
For contact related phenomena, e.g. wear, mesh 
refinement in the seal lip region is needed to produce a 
more accurate contact pressure distribution. 
Submodeling of the contact region could therefore be 
considered. For condition monitoring purposes a model 
of reduced computational complexity would, however, 
be needed to provide fast enough feedback. Further 
work should involve assessment of changes in the 
contact situation over time due to, e.g., wear and creep. 

CONCLUSIONS 
 

The studied seal design could handle the measured axial 
displacements between the sealing surfaces without loss 
of contact. However, there is not much allowance for 
larger displacements. The seal housing needs to be 
designed to protect the seal against excessive 
compression causing irreversible deformation. 
It appears that the current seal lip design does not 
represent a significant improvement over the earlier 
design as a contact pressure distribution similar to the 
previous one was produced. The current design can be 
further improved by increasing the dimensions of the 
cross-section to account for larger displacements. 
Increased friction between spring and seal did not 
influence the axial dynamic behavior of the seal for the 
range of tested friction coefficient values (0.06−0.36). 
The total seal-counterface contact force output from the 
finite element model could be used as a virtual force 
sensor to monitor and record the contact variations 
during operation. 
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ABSTRACT

A new hydraulic transformer (named NHT) prototype has been designed and tested by Zhejiang University in China.
The results show that the HT can realize the function of transforming pressure, but its parameters such as efficiency and
noise should be improved further. To help optimizing it, CFD-simulation using commercial software FLUENT is
introduced. And the fluid field inside this hydraulic component can be theoretically analyzed. The velocity field and
pressure distributing at different places such as the oil gap between the cylinder block and the valve plate, and between
the valve plate and the end cap, or inside the cylinder chamber are founded. And the flow fields were analyzed in
different rotate speeds and control angles. Besides the flow field was discussed under different grid cell numbers. The
conclusions contribute to the understanding of the flow conditions inside the NHT and thereby supply dependences for
optimization on the NHT.

KEY WORDS

CFD, Hydraulic transformer (HT), Simulation

INTRODUCTION

During the development of the secondary control, the
idea of a hydraulic transformer enabling the extraction of
controlled oil flow from the pressure net without
incurring large valve losses was pursued [1]. Therefore,
the new hydraulic transformer (named NHT) with three
rather than two control kidneys was studied widely by

company INNAS, Linköping University, Caterpillar Inc,
Rexroth, Zhejiang University and so on. Today, an
improved NHT prototype has been designed and tested
by Zhejiang University in China. And this prototype
broadened the control angle of the NHT. The characters
such as flow, pressure, efficiency and noise were tested
on a Common Pressure Rail (CPR) system, which could
provide a steady pressure at the supplying rail.
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Currently CFD (computational fluid dynamic) have
become popular in application of hydraulic components
analysis [2]. This technique has made very good progress
in recent years. That together with the increasing speed
of computers makes CFD very interesting to use in this
line of work [3]. Therefore, this paper introduced an
application of CFD commercial software on study of the
flow configuration and pressure distribution inside the
NHT. The overall aim of this investigation is to
contribute to the understanding of the flow conditions
inside the NHT and thereby supply the dependences for
further optimization on the NHT.

THEORETIC ANALYSIS

The structure of the new hydraulic transformer is similar
to a conventional seven-cylinder, bent-axis axial piston
pump, except that the NHT has three control kidneys
rather than two. Therefore, the problems of bent-axis
axial piston pump such as cavitations, volumetric loss,
and noise are all faced while investigating the NHT. The
NHT’s control angle can be altered by turning around the
valve plate, and the flow conditions inside the NHT are
changed at different control angles.
Cavitations are the main reason to place a premium on
noise of hydraulic components; therefore it goes by the
name of cancer in liquid flow. Cavitation or the
formation of gas filled babbles occurs when the static
pressure somewhere inside the NHT drops below a
certain critical level [4]. These bubbles are transported to
high pressure region of the NHT where they are
compressed violently. These not only lead to increased
volumetric loss and vibration levels but also could bring
damage of the NHT if a gas bubble is located near a wall
when it is compressed [2]. Hence, it is important to
understand the phenomena involved inside the NHT in
order to minimize the pressure drop and thereby utilize
the available inside pressure in the most optimum way.
A scope of our investigations is therefore to find where it
might cavitate inside the NHT by resorting to CFD
simulation tool.

EXPERIMENTS

A prototype of new hydraulic transformer is shown in
Figure 1, which was designed by Zhejiang University. A
diagram of the test setup is shown in Figure 2 and this is
a CPR system, which means that all of the appliances in
these are connected to the same rail and are offered the
same "common" pressure. This system mainly consisted
of a NHT, two fluid power pumps, two accumulators,
three pressure transducers and three flow meters
mounted at the inlet and outlet of the NHT, a cooling
system, safe precaution units and a 200 l tank. Besides, a
noise Fourier analyzer was added to register the noise
level and the rotation speed was measured with an
optical sensor.

Figure 1 A prototype of new hydraulic transformer

Figure 2 The test setup of a NHT

During a test procedure, the control angle was changed
by the control handle of the NHT, which lead to the
variety of delivery pressure. And the supply pressure for
port A in Figure 2 would also be alternated to different
levels by the variable pump. The noise level and the
volumetric loss both increased while the rotation speed
was largening. Such an increase could be studied in
Figure 3 in the next page which shows the noise level
and the volumetric loss as a function of the NHT rotation
speed from test runs with an ordinary hydraulic oil of
viscosity class ISO VG 46.
In order to investigate this further, some other approach
was chosen. A way of using CFD and numerically
determine the flow field inside the NHT was chosen in
this investigation.

The Control Handle

The Cylinder

The Valve Plate

The End Cap

System
Testing & Controlling
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Figure 3 The noise level and volumetric loss
characters with the rotation speed

CFD-SIMULATIONS

A commercial CFD software package called Fluent was
used for all of the simulations in this research. This
package consists of a pre-processor, Gambit for
geometry and mesh generation; a combined solver; and a
post-processor for analyzing and presentation of
simulation results. The solver is based on the finite
volume method (FVM) to discretize the governing
equations for mass, momentum and energy transfer [5].
The internal flow geometry of the NHT comprises of
three inlet/outlet manifolds, the cylinders, the valve plate,
two thin gaps, one between the valve plate and the
cylinder and another between the valve plate and the end
cap. This geometry would introduce difficulties for
analysis as the computational domain, and there is a need
for simplification, otherwise the CFD-model will become
very large and time-consuming to solve even on very
powerful computers.
The final solution was to separate this geometry into two
parts, the upper one and the lower one, which are
represented in Figure 4 below with a control angle of 60°.
Each part includes three geometries at different control
angles with different rotation speeds. Specially, a
two-dimensional CFD computations focus on the
cylinders was analyzed to see the detailed flow situations
at this part, because the flow field is very complex here

and cavitation is most likely to occur.
The properties of the fluid were chosen according to the
same hydraulic oil with a fluid density of 910 kg/m3 and
a viscosity of 0.0048 kg/m-s that was used in the
experiments and such a fluid makes it possible to use
incompressible flow in the simulations.
Under normal operating conditions, the flow inside the
NHT is probably laminar with some local disturbance of
turbulent flow. Since the aim was to keep the simulation
as simple as possible, laminar flow was used in the
three-dimensional simulations. While as for the
two-dimensional simulation turbulence model was
chosen to reach the accurate results for the increase in
computing effort is acceptable even at this flow situation.
Three different viewing sections of the NHT are used to
present the results in this paper:

Figure 4 The 3D simulation geometries

Results of the upper part 3D simulation
The geometry of the upper part includes three inlet/outlet
manifolds, part of the valve plate, and the thin gap
between the valve plate and the end cap, which are
shown on the left of Figure 4. The pictures in Figure 5
and Figure 6 show the surface of a cut-out at the middle
section of the thin gap, including velocity vectors on the
upper part and static pressure contours on the lower. The
pictures in Figure 5 and Figure 6 are the results of the
simulation at the same situations except for the different
grid cell numbers.

the End Cap

the Valve Plate

the Cylinder
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Figure 5 Velocity vectors and pressure contours of the

upper part with a mixed grid cells number of 466 000

Figure 6 Velocity vectors and pressure contours of the
upper part with a mixed grid cells number of 42 000

Results of the lower part 3D simulation
The geometry of the lower part includes the cylinders,
part of the valve plate, and the thin gap between the
valve plate and the cylinder, which are shown on the
right of Figure 4. The pictures in Figure 7 and Figure 8
show the surface of a cut-out at the middle section of the
thin gap, velocity vectors on the upper part and pressure
contours on the lower. The pictures in Figure 7 and
Figure 8 are the results of the simulation at the same
situations except for the different grid cell numbers.

Figure 7 Velocity vectors and pressure contours of the

lower part with a mixed grid cells number of 258 000

Figure 8 Velocity vectors and pressure contours of the
lower part with a mixed grid cells number of 26 000
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Results of the cylinders 2D simulation
The liquid flow in the cylinders is probably the most
strong turbulent and likely to lead cavitation while a
cylinder is just reaching or leaving a control kidney,
which we named the opening area and the closing area.
Because the valve plate of the NHT has three control
kidneys and three typical control angles are investigated
here, there were eighteen (3×3×2) groups of results
totally. The pictures in Figure 9 show a group of results
of cylinders’ two-dimensional simulations at the control
angle of 60° at the opening area of the high pressure
kidney port A, velocity vectors on the upper and the
corresponding pressure contours at the near following.
The left part of these pictures represents the curvature of
the valve plate port and the right represents a cylinder at
different positions. The pressure levels of the pressure
contours in these figures are the static pressure relative to
the inlet pressure.

Figure 9 Results of the cylinders 2D simulation
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DISCUSSION

According to Figure 5 to Figure 8, there are radial flow
fields in the thin gaps because of the pressure difference.
The volumetric loss can be calculated using this CFD
software. Simulation results show that the volumetric
loss is 7.8×10 5 l/min at the thin gap between the valve
plate and the end cap and is 0.59l/min between the valve
plate and the cylinder with a rotation speed of 1000 rpm.
While the experiment result from the right picture in
Figure 3 revealed the volumetric loss of about 4.5l/min at
the rotation speed 1000 rpm. This can be concluded that
the volumetric loss through the thin gaps is part of the
total result under experiment and this is not the whole
reason of volumetric loss. Another probable reason is the
oil leaking at the cylinder. It can be studied from the
figures that the volumetric loss is much lower at the thin
gap between valve plate and end gap than that between
the valve plate and cylinder. On the other hand, the liquid
fields indicate that the total liquid loss includes not only
the difference between measured inlet and outlet flow
rate but also the liquid leaking inside the NHT from
higher pressure kidney port to lower ones through the
thin gaps. This phenomenon is difficult to observe and
calculate through experiment.
The question is if the accuracy of the CFD-simulation is
good enough to be used for the conclusions. Considering
the complexity of the geometry, the cells number is
probably a big source of error in the simulation.
Therefore, results at different cells numbers were shown.
And there is just a difference of smooth. Maybe to some
extent the cell density only affects the accuracy of the
value in each discrete point and not so much the flow
field in general. So the results are relatively reliable.
The results in Figure 9 indicate the areas in the flow field
with low pressure that could be important for cavitations.
It is the area just behind the moving direction of
cylinders, in which a vortex with low pressure generated
according to these simulations. A smoother edge on the
front of the cylinder will probably give a more favorable
flow into the cylinder since it will reduce the size of the
vortex. The results also show that the low pressure area
at the high pressure kidney port A is much lower
compare with the other two kidneys. The pressure of the
low pressure areas is decrease with the rotating speed
increasing, i.e. control angle increasing. Based on the
theoretic analysis, this conclusion offers a possible
explanation to the phenomenon that the noise level was
heightened while the control angle increasing.

CONCLUSION

The simulation results correlate well with the
experiments in this investigation. A possible explanation
of the noise and the volumetric loss behavior is offered
by the CFD-simulations. Furthermore, the use of CFD
simulation tool can provide additional information on the

direct acting the NHT flow configuration and pressure
distribution; thereby supply the dependences for further
optimization on the NHT. In general this investigation
reveals the usefulness of the CFD-simulations in the
NHT design.
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ABSTRACT 
 

A spool valve as a flow direction control valve has usually been used in a hydraulic system. In recent years, some 
hydraulic actuator systems need high accuracy control of the spool valve in order to control the delivery precisely. For 
the reason, it is very important practically to know dynamic motion of the spool.  
 To analyze the dynamic characteristics of the spool valve, it is necessary to consider the dynamic motion of the spool. 
Springs, solenoids and working fluid, which is pressurized by the pump in the circuit, support the spool. The motion of 
the spool is governed complicatedly by pressure force, flow force, electromagnetic force and mechanical spring force 
acting on itself. As a result, it is difficult to analyze the dynamic motion of the spool, and therefore, any commercial 
code to calculate the dynamic characteristics of the spool valve dose not exist at present. 
 Final target of this study is to develop numerical code to predict precisely the dynamic motion of the spool valve. As 
the first step, dynamic characteristics of a spool valve coupled with electromagnetic and mechanical effects have been 
conducted in the present paper. 
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Nomenclature 
 

A : Vector Potential    [Wb/m] 
B : Magnetic Flux Density  [T] 
c : Damper Coefficient   [kg/s] 
F : Vector of Force    [N] 
f : Force       [N] 
J : Current Density    [A/m2] 
k : Spring Coefficient   [kg/s2] 

m : Mass of the Conductor   [kg] 
n  :  Normal Vector     [m] 
S : Surface of the Conductor  [m2] 
T : Maxwell stress tensor   [T2] 
V : Vector of Velocity     [m/s] 
V : Velocity of the Conductor  [m/s] 
x  : Displacement of the Conductor [m] 
ν : Reluctivity      [m/H] 
σ : Electric Conductivity   [S/m] 



INTRODUCTION 
 

 A spool valve as a flow direction control valve has 
usually been used in a hydraulic system. A spool in its 
valve is controlled by electromagnetic force. Therefore, 
it is necessary to predict behavior of the spool by 
analyzing dynamic characteristics of the spool valve. 
As dynamic characteristics of the spool are affected 

by fluid force, electromagnetic force and mechanical 
force, the behavior of the spool is very complex. 
Hence, it is necessary to consider three forces as 
represented above to analyze completely the dynamic 
characteristics of the spool valve. However, any 
commercial codes to calculate the dynamic 
characteristics of the spool valve considering the 
above three forces dose not exist at present. So, it is 
important to establish a prediction way of dynamic 
behaviors of the spool valve coupled with the above 
three forces. 
As the first step of the complete coupled analysis, the 

analysis coupled with electromagnetic system and 
mechanical system was carried out in this study. An 
electromagnetic field was three-dimensionally 
modeled by using a partial differential equation by the 
A-method. On the other hand, dynamic characteristics 
in a mechanical system were one-dimensionally 
modeled by using ordinary differential equations based 
on the Bondgraph method. In this paper, the following 
two steps were conducted to verify the coupled 
analysis; 
(1) To develop an analysis code for an electro- 

magnetic field and to verify this program by 
comparing with the experimental results on a 
simple model. 

(2) To establish a way coupling with the A-method 
and the Bondgarph method. 

(3) A movable conductor which replaces the spool is 
connected to spring and damper. The behavior 
prediction of this conductor is simulated to verify 
the coupled analysis. 

 
ANALYSIS METHOD 

 
Analysis Method for Electromagnetic System 
 The electromagnetic analysis was carried out using 
the A-method. A vector potential is expressed as the 
following equation with a magnetic flux density. 
 

AB ×∇=            (1) 
 
After Maxwell equations are transformed using Eq. 

(1), the governing equation for the electromagnetic 
field is shown by the following equation. 
 

( ) ( ){ }AVAJA ×∇×+
∂
∂

−=×∇×∇ σσν
t

   (2) 

 
In the above equation, the second term of the 

right-hand side indicates an influence of eddy current. 
This term means that the eddy current is caused by a 
temporal change of the vector potential. And the third 
term of the right-hand side indicates an influence of 
speed electromotive force. 
The left-hand side of Eq. (2) has a high degree of 

freedom. Solutions of the vector potential should be 
specified under the coulomb gauge condition, which it 
is usually necessary to constrain the vector potential. 
However, to consider the coulomb gauge condition is 
not necessary in this analysis because the magnetic 
flux density, which is obtained by the vector potential 
using Eq. (1), has the uniqueness. 
 In this analysis, a movable conductor which replaced 
a spool moves temporally. In order to realize this 
situation, it was necessary to change the shape of grids 
temporally. Therefore, Eq. (2) was transformed 
according to a curvilinear coordinates system. After 
that, discretization of the equation was carried out 
using the finite differential method. In addition, a way 
of backward difference was used for digitization of 
time. 
 
Electromagnetic Force 
 In the present study, the electromagnetic force is 
obtained by Maxwell stress tensor. The tensor is 
expressed as follows;  
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 where, subscripts x, y and z indicate each direction in 
the coordinate system. Using this tenor, the force 
which is acting on the conductor is expressed as 
following equation. 
 

dS0 ∫ •= nF Tν           (4) 

 
The integration path of dS in the Eq. (4) is surface of 

the conductor. However, the magnetic flux density on 
this surface is apt to change steeply because the 
magnetic permeability has a big difference about 
hundreds times between the conductor and the air. 
Consequently, because accuracy of the force 
calculation which is derived from Eq. (4) depends on 
the integration path, the path needs to keep away from 
the conductor surface. 
 
 



ELECTROMAGNETIC ANALYSIS FOR THE 
STATIC MODEL 

 
Analysis Model 
A calculation code developed for the electromagnetic 

field is verified using three-dimensional verification 
model which is proposed by Institute of Electrical 
Engineers of Japan (hereafter, Test-model). Figs. 1 (a) 
and (b) show the top view and the side view of the 
Test-Model, respectively. The unit in Fig. 1 is 
millimeter. Hatched areas indicate the conductor, the 
outline area indicates the coil area and the otherwise is 
the air area. 
 

Analysis Condition 
 Analysis conditions are shown in Table 1. Here, the 
elative magnetic permeability of the conductor is 
constant. In order to achieve accurate force calculation, 
nonlinear electromagnetic analysis in which the     
reluctivity changes against B is required. However, the 
linear analysis was conducted in the present study 
because this study stands on the first stage. The 
difference between linear and nonlinear analyses will 
be clarified near future. 
As the boundary condition, the vector potential 

should be equal to Zero at the infinite distance from 
the conductor. In this study, the calculation area sets 
up as an square one side of which is five times more 
than that of the conductor. And the boundary condition 
of the calculation area is 0=∂∂ nA . Consequently, the 
effect of the boundary condition was diminished and 
dose not influence to the calculation result. The 
number of calculation grids is 51*51*71 and shape of 
grids is unequally spaced grid. 
 

Table 1 Parameters for Static Analysis 
Parameters Amount of Parameters 
Current of Coil 3000 [AT] 
Relative Magnetic Perm- 
eability of the Conductor 1000 [-] 

Boundary Condition 0=∂∂ nA  
Number of Grid 51*51*71 

 
 
Result 
 Figs. 2 and 3 show results of the magnetic flux 
density at x = 31.25 [mm], y = 31.25 [mm], z = 100 – 
200 [mm] and x = 46.875 [mm], y = 60 [mm] z = 0 – 
200 [mm], respectively. In these figures, the abscissa 
axis shows the distance in the z direction [m] and the 
ordinate axis shows the magnetic flux density [T]. The 
solid line means the calculation result and the rhombic 
symbols means experimental results(1). 
In Fig. 2, the calculation result on the magnetic flux 

density is a little higher than the experimental result. 
As the measurement point recedes from the conductor 

(as the value of z becomes bigger), the value of the 
magnetic flux density decreases. The calculation result 
and experimental result have the same tendency. 
In Fig. 3, the calculation result is compared with the 

experimental result. These results have a little 
difference only at the z=100[mm], however, these 
results agrees well on the whole. 
 As the above discussion, the magnetic flux density of 
the calculation result and experimental result agree 
well, and the own-developed code is useful for the 
calculating the electromagnetic field. 
 

ANALYSIS METHOD FOR MECHANICAL 
SYSTEM 

 
The mechanical system was modeled by the 

Bondgraph method. This method is very convenient 
for modeling and simulation on various systems such  
 

 
(a) Top View 

 
 

 
(b) Side View 

 
Fig. 1 Test Model for Static Analysis 
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Fig. 2 Results at x=31.25[mm] y=31.25[mm] 
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Fig. 3 Results at x=46.875[mm] y=60[mm] 

 
as mechanical systems because the method is based on 
the power transmission. Fig. 4 shows the system 
Bondgraph model of Spring-Mass-Damper system 
which is a representative model of the mechanical 
system. In the figure, SF element corresponds to the 
wall velocity as the boundary condition, SE element to 
the external force similarly, I element to the inertia 
effect by the mass, R element to the energy loss at the 
damper, C element to the energy storage at the spring, 
respectively. Characteristic equations in the elements 
are shown in Table 2. 
 

Table 2 Characteristic Equations 
Elements Characteristic Equations 
SE forceneticelectromagf =  
SF 0=V  

C ∫= dtVkf  

I ∫= dt1 f
m

V  

R cvf =  
 
In the Bondgraph method, state space equations of a 

system are derived by combining the relationships in 
Table 2. In this study the state space equations were 
calculated by Runge-Kutta method.  

 
 

Fig. 4 Spring-Mass-Damper Model with Bondgraph 
 

The final equations to be solved, which are derived 
from the Bondgraph method, are equal to the ordinary 
differential equation which is expressed by the 
following equation. 
 

fkxxcxm =++ &&&          (5) 
 
Dynamic characteristics of the mechanical system 

can be calculated successfully by Eq. (5) with 
Runge-Kutta method. In the future study, however, 
coupled analysis program will expand relations of the 
dynamic characteristics of the system such as the 
oil-hydraulic systems after the coupled analysis with 
the fluid system will be completed. Therefore, 
mechanical system was modeled by the Bondgraph 
method which is easily applicable to many systems 
such as fluid and mechanical systems. 

 
COUPLED ANALYSIS 

 
Coupling Way  
 Fig. 5 shows a flow chart of the coupled analysis 
method with an electromagnetic system and a 
mechanical system. This flow chart is explained as 
follows;  
First, the vector potential is calculated using Eq. (2). 

Next, the electromagnetic force working on the 
conductor which is derived from Eq. (4) is calculated. 
The calculated force is substituted into the mechanical 
system as an external force, which is equal to an effort 
variable of SE element in Fig. 4 and the dynamic 
characteristics of the mechanical system is calculated. 
After that, the displacement of the conductor, which 
corresponds to the displacement of I element in Fig. 4, 
is calculated from the numerical results in the 
Bondgraph method. The calculation grids for the 
electromagnetic field are restructured because the 
conductor moves in the distance equal to this 
displacement. Finally, the vector potential is calculated 
using Eq. (2). Iterating these steps, the analysis 
coupled with the electromagnetic system and the 
mechanical system could be carried out in the 



calculation of the dynamic characteristics of the spool 
valve. 
 
Analysis Model 
Fig. 6 shows the side view of the analysis model. The 

top view of the analysis model is the same as Fig. 1 (a). 
The unit of Fig. 6 is millimeter. The hatched areas 
indicate the conductor and the movable conductor. The 
outline area indicates the coil area and the otherwise is 
the air area. The size of the stationary conductor which 
is surrounded by the coil is 100*100*200. The size of 
the movable conductor which locates above the 
stationary conductor is 100*100*20. This movable 
conductor is constrained by the spring and the damper. 
 
Analysis Condition 
 The movable conductor locates initially at the 
position which is shown in Fig. 6. The gap between 
the movable conductor and the stationary conductor is 
20 [mm]. The movable conductor is fixed at this 
location until this analysis becomes steady. After this 
steady state is assumed to be the initial condition, the 
movable conductor can freely move.  
The purpose of this analysis is to investigate the 

behavior of this movable conductor. The analyses were 
carried out under three kinds of conditions with 
different spring and damper coefficients. These 
conditions are shown in Table 3. 
 

Table 3 Analysis Conditions 
Parameters Amount of Parameters
Time Step 1.0E-4 [s] 
Current of Coil 3000 [AT] 
Relative Magnetic Perm- 
eability of the Conductor 1000 [-] 

Conductivity of the Con- 
ductor 1.03E+07 [S/m] 

Number of Grid 51*51*81 
Mass of the Conductor 1.56[kg] 

Case 1: 200[N/m] 
Case 2: 400[N/m] Spring Coefficient 
Case 3: 200[N/m] 
Case 1: 1.0[Ns/m] 
Case 2: 1.0[Ns/m] Damper Coefficient 
Case 3: 5.0[Ns/m] 

 
 
Result and Discussion 
 Fig. 7 shows the displacement change of the movable 
conductor. The abscissa axis shows the time [s] and 
the ordinate axis shows the displacement [cm] of its 
conductor from the initial location. The solid line 
represents the result of Case 1, alternate long and short 
dash line the result of Case 2 and the dashed line the 
result of Case 3, respectively. 

 
 

Fig. 5 Flow Chart of Coupled Analysis 
 

 
 

Fig. 6 Test Model for Coupled Analysis 
 
Comparing results in Cases 1 and 2, the displacement 

in Case 2 is larger than that in Case 1. Because the 
spring coefficient in Case 2 is twice bigger than that in 
Case 1, the force in Case 2 which acts in the opposite 
direction by the spring force is stronger than that in 
Case 1. Additionally, comparing result of Cases 1 and 
3, the both frequency is the same because the spring 
coefficient is the same. And the behavior of the 
movable conductor in Case 3 is more stable than that 
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in Case 1 because the damper coefficient in Case 3 is 
larger than that in Case 1. So, it is considered that this 
result is reasonable. 
Frequency of the movable conductor is around 4.0 or 

4.5 [Hz] approximately in all cases. However, 
theoretical frequency of the conductor in Case 1 and 
Case 3, which is derived from the natural frequency of 
the mechanical system, is 1.8 [Hz] and that in Case 2 
is 2.5 [Hz] without the influence of eddy current. The 
eddy current which is generated and changes 
time-dependently at the conductor causes this 
frequency increase. 
Generally it can be considered that the eddy current 

causes frequency decrease of the movable conductor, 
although there is a referenced paper(2) that the natural 
frequency with eddy current becomes higher than that 
without eddy current. This feature would change 
according to the calculating conditions. It will become 
possible to explain the reason qualitatively after many 
parameter studies. 
Fig. 8 shows the force working in z direction on the 

movable conductor. The abscissa axis shows the time 
[s] and the ordinate axis shows the electromagnetic 
force [N] working on the movable conductor. The 
negative and positive values indicate the repulsive 
force and the attractive force, respectively. The solid 
line represents the result in Case 1, the alternate long 
and short dash line the result in Case 2 and the dashed 
line the result in Case 3, respectively. 
In this figure, the frequency of the force is around 4.0 

or 4.5 [Hz] approximately in all cases. The frequency 
of the force in Fig. 8 corresponds to the frequency of 
the displacement in Fig. 7. In the analysis without the 
eddy current the frequency of the mechanical system 
changes according to the spring coefficient. However, 
in the coupled analysis, the frequency between in two 
cases with different spring coefficient was 
approximately same. This means that the effect of the 
eddy current was larger than that of the mechanical 
spring in this study. 
When the movable conductor approaches the 

stationary one, the attractive force is decreased in all 
cases. Especially in Cases 1 and 3, the repulsive force 
was generated at the first vibration. On the other hand, 
when this movable conductor moves away from the 
stationary one, the attractive force was increased.  
On the displacement of the movable conductor, its 

maximum displacement at the first vibration from the 
initial condition was 1.9 [cm] without influence of the 
eddy current and 0.7 [cm] with influence of the eddy 
current. The displacement was decreased by effect of 
the eddy current. 

 
CONCLUSIONS 

 
 In order to establish the calculation method weakly 
coupled with mechanical and electromagnetic systems, 

the program has been own-developed and the dynamic 
characteristics has been performed on the test model.  
The calculation result and experimental result agree 

well under the static condition without considering the 
eddy current. In the dynamic calculations, the 
reasonable fact was obtained that the displacement of 
the movable conductor was diminished by the eddy 
current. 
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ABSTRACT 
 

OHC-Sim is a simulation package for design of an oil-hydraulic circuit and analysis of its dynamic characteristics. To 
make the design and the improvement processes of an oil-hydraulic circuit more effective and systematic, OHC-Sim 
had been developed with the support of JFPS and has been enhanced in the research committee in JFPS. OHC-Sim is 
executable on personal computers in Windows® environment, and provides easy design and improvement of an 
oil-hydraulic circuit based on the simulated results. However, in order to enhance the use of OHC-Sim, it is desirable 
that the simulation of the dynamic characteristics of a pneumatic circuit becomes executable on OHC-Sim. In this study, 
to enhance OHC-Sim to the simulation of a pneumatic circuit, the bond-graph models for pneumatic components are 
discussed. And, by using the user-customized function, these bond-graph models are registered to OHC-Sim, and the 
simulation of dynamic characteristics of a pneumatic circuit is carried out. 
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NOMENCLATURE 
 

A : area of piston [m2] 
Ae : effective area [m2] 
CP : specific heat at constant pressure [J/(kg･K)] 
CV : specific heat at constant volume [J/(kg･K)] 
M : mass of air in a chamber [kg] 
m&  : mass flow rate [kg/s] 
P : absolute pressure [Pa] 
R : gas constant [J/(kg･K)] 
T : absolute temperature [K] 
t : time [s] 

V : volume of a chamber [m3] 
v : piston velocity [m/s] 
x : piston displacement [m] 
κ : specific heat ratio 
Subscripts 
A : atmosphere 
S : supply 

 
INTRODUCTION 

 
To make the design and the improvement processes of 
an oil-hydraulic circuit more effective and systematic, it 
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is effective to predict the dynamic characteristics of the 
circuit beforehand by computer simulation. And then, it 
is necessary to derive the mathematical model for the 
circuit and to construct the program for computer 
simulation. Therefore, some exclusive simulation 
packages had been developed, which provide the 
environment where an oil-hydraulic circuit can be 
designed and improved easily based on the simulated 
dynamic characteristics without deriving mathematical 
models and constructing simulation program. 
OHC-Sim (Oil-Hydraulic Circuit Simulation package) 
is one of such simulation packages, and had been 
developed in Japan with the support of JFPS (the Japan 
Fluid Power System Society, formally The Japan 
Hydraulics and Pneumatics Society) [1]. And it has been 
improved and enhanced in the research committee of 
JFPS [2]. OHC-Sim has a user-friendly graphical user 
interface in Windows® environment, and provides easy 
design and improvement of an oil-hydraulic circuit 
referring to the simulated results by personal computer. 
Furthermore, the first version of the user-customized 
function [3,4], which is based on bond-graph method 
[5,6], had been developed to make it possible to register 
the models for new oil-hydraulic components to the 
database of OHC-Sim. By the development of this 
user-customized function, it becomes possible to carry 
out the simulation of the dynamic characteristics of a 
complicated oil-hydraulic circuit or a water-hydraulic 
one [7] in OHC-Sim. 
However, in order to enhance the use of OHC-Sim 
much more, it is desirable that the simulation of the 
dynamic characteristics of a pneumatic circuit becomes 
possible on OHC-Sim. To realize this, it is necessary to 
derive the bond-graph models for basic pneumatic 
components in the shape that these models can be 
handled with OHC-Sim. Moreover, it is required that 
the maintenance of the models registered in the database 
is easy. 
Pneumatic circuits have compressible fluid-flow and 
thermal fields. In constructing the bond-graph model for 
such a circuit, true or pseudo bond-graph has so far been 
employed. In addition, two kinds of bonds, which 
represent both fluid power and thermal power, have 
been used, and multi-port C and multi-port R elements 
have been frequently used in the model as well [5,6,8]. 
Therefore, the resulting bond-graph models are 
complicated, and the maintenance of the models 
becomes troublesome when the models are in the 
database. In addition to it, when multi-port C and 
multi-port R elements are used in the model, it is 
necessary to modify the main body of OHC-Sim and 
simulation program BGSP for OHC-Sim so as to use 
them. 
In this study, the bond-graph models for pneumatic 
components are derived by using 1-port C and 1-port R 
elements. In deriving the bond-graph model for 
compressible flow field, pseudo bond-graph, in which 

effort is absolute pressure and flow is mass flow rate, is 
employed so as to represent the continuity equation in 
the field easily. Furthermore, to confirm the usefulness 
of the proposed bond-graph models, the bond-graph 
models are registered to OHC-Sim by the use of the 
user-customized function and the simulation of dynamic 
characteristics of a pneumatic circuit is carried out. 

 
OUTLINE OF OHC-Sim 

 
The basic structure of OHC-Sim is shown in Figure 1. 
OHC-Sim is an exclusive simulation package for design 
of an oil-hydraulic circuit and analysis of its dynamic 
characteristics, and it is executable on personal 
computers in all Windows® environments. In OHC-Sim, 
an oil-hydraulic circuit can be constructed on the 
display with ease by using graphical user interface and 
connecting oil-hydraulic component icons similar to 
oil-hydraulic symbols as shown in Figure 2. In this 
figure, SU1~SU4 are the components called sensor. This 
component is used to pick up the physical quantity such 
as pressure, discharge or displacement. And, by copy 
and paste of the sensor, the physical quantity sensed by 
the sensor can be utilized to represent a feedback loop 
or a pilot line. The mathematical models for components 
are registered in the database of OHC-Sim, and these 
models are represented by bond-graph method. Based 
on these models, the mathematical model for the 
oil-hydraulic circuit on the display is automatically 
created, and the simulation of the dynamic 
characteristics of the circuit is carried out. As simulation 
program, BGSP for OHC-Sim is employed. BGSP [9] is 
a simulation program based on bond-graph method, had 
been developed in Japan, and has obtained a number of 
fruitful results [10]. The simulated results can be 
confirmed easily and quickly on the display. In addition, 
OHC-Sim has a user-customized function. By using this 
function, users can register the mathematical models for 
their own oil-hydraulic components to the database. By 

• • • •••

•

•

•
•

•

•

•

•

• •

 
Figure 1 Basic structure of OHC-Sim 
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the development of this user-customized function, it 
becomes possible to carry out the simulation of the 
dynamic characteristics of a complicated oil-hydraulic 
circuit or a water-hydraulic one in OHC-Sim. 

 
BOND-GRAPH MODEL FOR BASIC 

PNEUMATIC COMPONENT 
 
In this section, each bond-graph model for restriction 
and chamber of a pneumatic cylinder is derived. In 
constructing the bond-graph model for compressible 
flow field, pseudo bond-graph is employed, in which 
effort is absolute pressure and flow is mass flow rate. In 
mechanical field, true bond-graph is used, in which 
effort is force and flow is velocity. 
 
Restriction 
At a restriction shown in Fig. 3, the continuity equation 
yields 
 

mmm 21 &&& ==  (1) 
 
where im&  (i=1,2) is the mass flow rate through cross 
sections 1 and 2 in Fig. 3, respectively. 

The mass flow rate through the restriction can be 
expressed by Eq. (2) and (3).  
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As can be seen from Eq.(1), flow m&  is equal at the 
restriction. And, from Eqs. (2) and (3), flow m&  is 
expressed as a function of effort P1 and P2. Therefore, 
the restriction can be represented by 1-junction and an 
R-element as shown in Fig.3 (b). In order to calculate 
mass flow rate m&  based on Eqs. (2) and (3), 
temperature T1 is necessary. Therefore, temperature T1 is 
inputted to R-element through the active bond which is 
denoted by full arrow and transmits a signal. 
Chamber of pneumatic cylinder 
In a head-end chamber of a pneumatic cylinder shown 
in Fig. 4, the heat transfer through a wall is assumed to 
be adiabatic to make the bond-graph structure simple. 
Then, the first law of thermodynamics yields 
 

dt
dVPH

dt
dU

−= &  (4) 

 
where U is the internal energy of air in the chamber of 
the pneumatic cylinder and H& is the enthalpy flux 
through the control surface. 
Internal energy U and enthalpy flux H&  are expressed 
as 
 

TVCU V ρ=  (5) 

*TmCH P && =  (6) 
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Figure 2 Edit of oil-hydraulic circuit by OHC-Sim 
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Figure 3 Bond-graph model of restriction 
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where ρ is the density of air in the chamber and T* is 
the temperature of air through the control surface. 
Substituting Eqs. (5)-(9) into Eq. (4), we obtain Eq.(10). 
 

RCC VP =−  (7) 

1
RCV −

=
κ

 (8) 

Av
dt
dV

=  (9) 

( )vAP*TmRVtd
Pd −= &κ

 (10) 
 
Assuming that T* and P in the right-hand side of Eq. 
(10) can be replaced with the values at one time step 
before the time, we get Eq. (11). 
 

( )∫ +−
+

= −− 0H1t1t
0H

PdtvAPm*TR
AxV

P &
κ  (11) 

 
where VH0 is the head-end chamber dead volume and  
PH0 is the initial pressure at the chamber. 
As can be seen from Eq.(11), effort P can be determined 
by integrating flow m&  and v. And effort P is equal in 
the head-end chamber of the pneumatic cylinder. Hence, 

the head-end chamber of pneumatic cylinder shown in 
Fig.4 can be modeled by a C-element and 0-junction as 
shown in Fig. 5. However, in order to calculate effort P 
from Eq. (11), two SF-elements and a C-element is 
employed. And then, this C-element is used as a mere 
integrator. Furthermore, to calculate the temperature of 
air in the head-end chamber of pneumatic cylinder from 
Eq. (12), an SF-element and an SE-element are 
employed as a mere calculator. And then, the flow of the 
bond between these elements represents the temperature 
of air in the head-end chamber of pneumatic cylinder at 
one time step before the time. 
 

TT,
MR
PV

T 1t == −  (12) 

   
Similarly, the pressure at the rod-end chamber of a 
pneumatic cylinder shown in Fig. 6 can be determined 
by Eq. (13). 
 

( )∫ ++−
−

= −− 0R1t1t
0R

PdtvAPmRT
AxV

P &
κ  (13) 

 
where VR0 is the volume of the rod-end chamber when 
piston displacement x is equal to 0. 
As seen from Eq.(13), effort P can be calculated by 

m&

T,P
Piston

x:Piston displacement

A:Area of piston
V:Volume

v:Piston velocity

Control surface
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Figure 4 Head-end chamber of pneumatic cylinder 
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Figure 5 Bond-graph model for head-end chamber of  

pneumatic cylinder 
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Figure 6 Rod-end chamber of pneumatic cylinder 
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integrating flow m&  and v. And effort P is equal in the 
rod-end chamber of the pneumatic cylinder. Therefore, 
the rod-end chamber of pneumatic cylinder can be 
represented as shown in Fig. 7. Then, it should be noted 
that the temperature of air in the rod-end chamber is 
used in calculating the pressure of air in the chamber by 
Eq. (13). 

 
SIMULATION OF DYNAMIC 

CHARACTERISTICS OF PNEUMATIC CIRCUIT 
BY OHC-Sim 

 
In oeder to show the usefulness of the above-mentioned 
bond-graph models, the simulation of the dynamic 
characteristics of the pneumatic circuit shown in Fig. 8 
was carried out. The bond-graph model for the circuit is 
shown in Fig. 9. Since the pressure and the temperature 

of air at the air supply are considered to be constant, the 
air supply can be modeled by an SE-element. When the 
flow through the solenoid valve or the speed controller 
located at the rod end of the pneumatic cylinder is 
assumed to be similar to that through the restriction 
shown in Fig.3, each valve can be regarded as an 
R-element. Then, the resistance of the speed controller 
includes the resistance between B-port and T-port of the 
solenoid valve. The pressure and the temperature of the 
atmosphere are constant. Therefore, the atmosphere can 
be represented by an SE-element. 
The bond-graph model shown in Fig. 9 for each 
pneumatic component was registered to OHC-Sim by 
using the user-customized function. Figure 10 shows the 
pneumatic circuit constructed in OHC-Sim. To calculate 
the mass flow rate through the solenoid valve or the 
speed controller and the pressure at the head-end 

 
Figure 10 Edit of pneumatic circuit in OHC-Sim  

 
 

 
Figure 11 Simulated results 
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Figure 9 Bond-graph model for pneumatic circuit 
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chamber of the pneumatic cylinder, the temperature at 
the upstream component is necessary. Therefore, the 
temperature is inputted to these components by copy 
and paste of the sensor sensing the temperature at the air 
supply or the rod-end chamber of the pneumatic 
cylinder. 
Figure 11 shows the simulated results of the dynamic 
characteristics of the pneumatic circuit in the case where 
the P-port is connected to the A-port of the solenoid 
valve at time 0.1s. As a result, it is shown that the 
simulation of the dynamic characteristics of a pneumatic 
circuit becomes possible on OHC-Sim by using the 
proposed bond-graph models.  

 
CONCLUSIONS 

 
The bond-graph models for pneumatic components were 
derived, which were composed of 1-port C element and 
1-port R-element. Furthermore, in order to investigate 
the usefulness of the proposed bond-graph models, these 
models were registered to OHC-Sim by using the 
user-customized function, and the simulation of 
dynamic characteristics of a pneumatic circuit was 
carried out. Consequently, it was shown that the 
simulation of the dynamic characteristics of a pneumatic 
circuit became possible on OHC-Sim by adopting the 
proposed bond-graph models without modifying 
OHC-Sim. It is a great merit that the modification of 
OHC-Sim is not necessary when the proposed 
bond-graph models are employed in the modeling of 
pneumatic components. Next step will be to confirm the 
validity of the simulated results on OHC-Sim by 
comparing the simulated results with the experimental 
ones in various pneumatic circuits.  
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ABSTRACT 
  

The paper describes the identification of the variable critical gain and natural frequency of the pneumatic cylinder using 
the self-excited oscillations method. The pneumatic drives are characterized by the low stiffness of the pneumatic 
cylinder which depends on the piston position and determines the natural frequency of the cylinder. The variety of the 
stiffness in dependence on the piston position can be obtained using the curve describing the course of the critical gain 
and natural frequency in dependence on the piston position. This feature is a disadvantage by the closed loop control of 
the piston position. The low stiffness should be taken into the account by the design of the pneumatic servo system 
operated in the closed loop, because the natural frequency of the cylinder depends on the stiffness and limits the closed 
loop gain and quality of the step response of the controlled system. The identified curve can be used for the design of 
the adaptive controller with variable on the piston position dependent gain. The described approach is presented by the 
measurements and results realized on the test rig.  
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NOMENCLATURE 
  

h  stroke of the pneumatic cylinder 
KM  gain of the pneumatic cylinder 
KSV  gain of the servo valve 
Ksn gain of the transducer 
M  output of the relay 
m  mass 
n  polytropic exponent of air 
p  system pressure 
rocrit critical gain  
S  piston thrust section 
T0M time constant of the pneumatic cylinder 
T0SV time constant of the servo valve 
Tcrit period of the oscillations 

V01  volume – inlet 1 of the cylinder 
V02  volume – inlet 2 of the cylinder 
ξM  damping ratio of the pneumatic cylinder 
ξSV  damping ratio of the servo valve 
ωM  angular frequency of the pneumatic cylinder 
ωSV  angular frequency of the servo valve 
ω0M natural frequency of the pneumatic cylinder 
ω0SV natural frequency of the servo valve 

 
INTRODUCTION 

  
The pneumatic servo actuators are very important drives 
with a wide range of applications in mechatronics. The 
design of the high dynamic pneumatic drives operated 
in the closed loop as a position servo drives is not 



simple task. The dynamic properties of the pneumatic 
servo drive – the pneumatic servo valve, pneumatic 
cylinder and tubes must be taken into the account by the 
controller design [2, 3]. We can use the mathematical 
modeling to obtain the dynamic model and use the 
simulation program to analyze the dynamic behavior of 
the system in different working points. This approach 
needs the parameterization of the mathematical model 
and their verification. Some parameters are given from 
the drive specification, some must be estimated or 
identified by the experiment [3]. The pneumatic drive is 
characterized as a low damped system with lower 
stiffness and natural frequency as the hydraulic drive. 
The reason is the higher compressibility of the air as oil. 
The natural frequency of the pneumatic cylinder varies 
with the piston position and influences the controller 
tuning. Their course in dependence on the piston 
position can be useful for the design of the controller of 
the position closed loop controlled system. 
The paper describes the identification of the natural 
frequency of the pneumatic cylinder using the 
self-excited oscillations by the arranging a non linear 
element in the feedback [1], Figure 1. It is 
recommended to set the amplitude of the relay 
characteristic normally to 10%, max 20% of the 
command value. The oscillations occur in the output and 
should be similar to the sinus signal. It is also possible 
to use the saturation element with the same amplitude 
and with the proportional gain little bit higher as the 
critical gain. This approach allows to identify the natural 
frequency and the damping ratio too after evaluation of 
the results using the simplified linear model of the 
pneumatic drive given by the transfer function of the 
second order system and using the stability analysis of 
the closed loop system.   
 
 
 

  
 
Figure 1 Pneumatic drive with non linear element in the 

feedback  

ANALYSIS OF THE PNEUMATIC DRIVE 
 
  

The typical structure of the pneumatic servo drive 
consists of the pneumatic cylinder controlled by the 
servo valve that allows continuously to control the mass 
flow through the variable resistances into the chambers 
of the pneumatic cylinder. The Figure 2 shows the block 
diagram of the closed loop position control of the 
pneumatic cylinder. The dynamic behavior of the main 
elements of the pneumatic drive can be described by the 
linear model after neglecting the nonlinearities. The 
transfer function  
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describes the dynamics of the pneumatic cylinder, the 
transfer function 
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describes the dynamic properties of the servo valve. The 
transfer function GC in Figure 2 describes the controller. 
 
 

 
 

Figure 2 Block diagram of the closed loop position 
control 

 
Because the bandwidth of the servo valve is higher than 
the natural frequency of the pneumatic cylinder, the 
dynamics of the servo valve can be neglected and in the 
following analysis the servo valve can be described only 
by the gain KSV. After this simplification and for the 
proportional controller described by the gain KR the 
transfer function of the closed loop system has the form  
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where K0 is the gain of the open loop system 
 

              MsnSVR KKKKK =0 .             (4) 
 

The stability analysis of this linear system allows to 
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express the critical gain KOcrit in marginal stability  
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In this formula ω0M is the natural frequency of the 
pneumatic cylinder and ξM is the damping ratio of the 
pneumatic cylinder. These parameters limited the 
critical gain of the closed loop system, the controller 
gain and in this way the step response and quality of the 
control of the positioning system. 
Using the results of the mathematical modeling of the 
pneumatic drive and under assumption that the 
thermodynamic processes can be good enough 
described as the polytropic or adiabatic (for n=κ) 
processes the natural frequency of the pneumatic 
cylinder can be calculated from the formula 
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The natural frequency of the pneumatic drive which 
limits the controller tuning is variable in dependence on 
the piston position. The Figure 3 shows the typical 
course of the natural frequency. 
 

 
Figure 3 Natural frequency of the pneumatic cylinder 

 
This natural frequency is the angular frequency of the 
non damped oscillations. Relations between the natural 
frequency ω0M and the angular frequency ωM of the 
observed oscillations of the system on the margin 
stability is depending on the damping ratio ξM of the 
pneumatic cylinder and is given by 
 

              2
0 1 MMM ξωω −= .               (7) 

 
The pneumatic cylinder is characterized by the very low 
damping. The damping ratio is typically less than 0.2. 

For ξM = 0.2 becomes the expression (7) the form 
 
                MM 098.0 ωω =& .                (8) 

 
For ξM less than 0.2 the difference between ωM and ω0M 
is less than 2%. The difference is smaller than the 
standard occurring final error by the experimental 
identification. For this reason it is possible in some 
cases to identify the angular frequency ωM as a natural 
frequency ω0M.  
 
 
IDENTIFICATION USING THE SELF-EXCITED 

OSCILATIONS 
 
The identification method based on the self-excited 
oscillations is very simple and allows in very simple 
way to identify the angular frequency of the oscillations 
on the marginal stability.  
 
 

 
 
Figure 4 Relay characteristic of the non linear element 

 
The oscillations occur after arranging the nonlinear 
element in the feedback. It is possible to receive the 
same result after placing the non linear element in the 
forward side of the closed loop system. It is suitable as a 
non linear element to use element with the relay 
characteristic, see Figure 4. 
The closed loop pneumatic positioning system with the 
non linear element in the feedback is shown in Figure 1. 
After the oscillations occur the typical form of the 
output signal is shown in Figure 5. 

 
Figure 5 Self-excited oscillations of the piston of the 

pneumatic cylinder 
Solid line – piston position 

Dashed line - output from the non linear element 

u1 

u2 

M 

Ay 

Tcrit 



 
Using the theory of this identification method described 
for example in [1] the critical gain of the closed loop 
system is given by 
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The values of the variables Ay and M can be obtain from 
the course of the self-excited oscillations and from the 
output of the relay characteristic, see Figure 5 and 4. 
The angular frequency of the critical oscillations can be 
expressed as  
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In accordance with the expression (5) for the critical 
gain of the pneumatic positioning system the values of 
the formulas (9) and (5) should be the same that means     
 
                 critcrit rK 00 = ,                 (11) 
resp. 
                 critMM r002 =ωξ               (12) 

 
and the critical frequency or period determines the 
angular frequency of the piston oscillations ωM, which 
can be calculated from  
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Using the expression (7) the natural frequency of the 
pneumatic cylinder is given by 
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From the expression (12) can be calculated the damping 
ratio of the pneumatic cylinder 
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After substitution of the expression (14) in the 
expression (15) we obtain the expression for the 
damping ratio which respects the difference between the 
natural frequency ω0M and angular frequency ωM of the 
pneumatic cylinder 
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Provided that the described difference (8) between the 
ω0M and ωM for lower damping is accepted the 
simplified expressions can be used for the direct 
calculation of the natural frequency and damping ratio 
of the pneumatic cylinder from the measured values  
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APPLICATION OF THE METHOD AND 

EXPERIMENTAL RESULTS 
  

The described method was applied for the experimental 
identification of the natural frequency of the pneumatic 
cylinder of the test rig installed in the laboratory.  
 

 

 
 
Figure 6 Measured self-excited oscillations of the piston 
of the pneumatic cylinder at the position x = 0.35m (up), 

at the position x = 0.75m (down) 
 



The same drive and identification experiment was 
simulated in MATLAB – Simulink using the created 
mathematical model and in the simulation program 
AMESim, Figure 1, 5. The following drawings in 
Figure 6 show the measured signals at two different 
positions of the piston [4]. The evaluated values and 
approximated course of the natural frequency of the 
pneumatic cylinder compared with the analytical values  
 

 
 
Figure 7 Natural frequency of the pneumatic cylinder – 

calculated analytically (6) and evaluated from the 
measurement “*” 

 
 
 

 
 

Figure 8 Damping ratio of the pneumatic cylinder – 
evaluated from the measurement “*” and polynomial 

approximation 
 
 
 
calculated from the expression (6) are depicted in Figure 
7. The values of the damping ratio calculated from the 
expression (16) and approximated by the polynomial 
function in dependence on the piston position are shown 
in Figure 8. 

 
 

Figure 9 Control panel of the identification using the 
self-excited oscillations 

 
The created program in MATLAB-Simulink with the 
Real Time Toolbox controls the identification process 
and realizes the calculation of the identified parameters 
of the pneumatic drive. The program controls the 
motion of the piston, the achieving of the desired 
positions and in each position starts the identification 
procedure. After measuring the excited oscillations the 
calculation of the critical gain and natural frequency 
runs automatically. The control panel of this program is 
shown in Figure 9. 

 
 

CONCLUSIONS 
 

The simple method for identification of the dynamic 
properties of the pneumatic drive based on the 
self-excited oscillations was presented in this paper. 
This method allows to calculate the natural frequency of 
the pneumatic cylinder, the critical gain and damping 
ratio at different positions of the piston. These values 
can be used for the controller tuning, for the design of 
the adaptive controller with variable gain. Simple 
realization is the advantage of this approach. The 
application of this method was presented by the 
identification of the pneumatic cylinder installed on the 
test rig.       
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ABSTRACT 
 

Pneumatic system is applied in a wide range of industries. There are many kinds of pneumatic circuits that are used in 
different applied cases, such as transportation, clamp, press, etc. Among those pneumatic circuits, pneumatic circuit 
with only one cylinder controlled by one valve is primary for application, while branch circuit, which is consisted of 
multiple cylinders controlled by one valve, and manifold circuit, which is consisted of multiple cylinders controlled by 
multiple valves, is commonly applied in practices. In this paper, a simulation program for complex pneumatic circuits, 
especially for branch circuits and manifold circuits, is developed for model selection and characteristic calculation. 
Firstly, outline and specifications of the simulation program is introduced; secondly, modeling and simulation method of 
branch circuit and manifold circuit are explained; finally, an example of application is presented to verify the accuracy 
of the simulation program. 
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INTRODUCTION 
 

Pneumatic system is applied to various fields for 
transportation, clamp, press, and so on. As applications 
are different, the pneumatic circuits are various. The 
basic circuit with one cylinder controlled by one valve 
is the most primary, while the branch circuit, which is 
consisted of multiple cylinders controlled by one valve, 
and the manifold circuit, which is consisted of multiple 
cylinders controlled by multiple valves, are more 
popular1), 2). The software named Pneumatic Model 
Selection Program was developed to support the model 
selection and characteristic simulation of basic circuit in 
version 2. And it is enhanced to simulate complex 

pneumatic systems such as branch circuits and multifold 
circuits in the last version. 
In the following sections, firstly, outline and guidance of 
the software version 3 is introduced; then, modeling and 
simulation method of branch circuit and multifold 
circuit are introduced; finally, an example of application 
is presented.  

 
OUTLINE OF PROGRAM 

 
The Pneumatic Model Selection Program Ver.3 can be 
executed in WindowsNT4.0 and Windows 98/2000/XP. 
Its CD-ROM version and Web version have been 
developed at the same time. 



 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 1 shows configuration of the Pneumatic Model 
Selection Program. The software includes three main 
parts, the model selection for cylinder operating system, 
the characteristic calculation for cylinder operating 
system, and the model selection for shock absorber. 
With the help of the model selection for cylinder 
operating system, product models with proper size are 
automatically selected for basic circuits.  
With the help of the characteristic calculation for 
cylinder operating system, all dynamic characteristics 
are simulated for basic circuits, branch circuits and 
manifold circuits. 
Furthermore, cushion capacity and condensation 
probability for circuits can be calculated with the 
software, too. 

 
CALCULATION SCREENS 

 
Branch Circuit 
Input screens of branch circuit are displayed in the 
figure 2. Total number of multiple cylinders controlled 
by a valve should not be allowed more than 10 in one 
branch circuit in the software. 
When the “Common” button is clicked, an input screen 
will be popped up. Supply pressure, ambient 
temperature, and the model specifications for pipes, 
valve and silencer can be set in the common circuit 
input screen, as it is showed in the figure 2 (A).  
Clicking the “Individual” button will open another input 
screen. The model and specifications for cylinder, flow 
controller and pipe can be set in the individual circuit  

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
input screen, as it is showed in figure2 (B). Cylinders of 
single action type and double action type are allowed at 
the same time in branch circuit.  
For convenience of circuit design, functions of copy, 
add, and delete are also included for individual circuits 
in branch circuit input screen. 

 Main Menu 

Cylinder Operating 
System Section 

Model 
Selection 

Model 
Definition 

Characteristic 
Calculation 

Condensation 
Calculation 

Cushion 
Calculation

Shock Absorber Selection 

Various Settings

Unit Master

General Master

Standard 
Circuit 

Standard 
Circuit 

Branch 
Circuit 

Manifold 
Circuit 

Addition of new 
functions 

Figure 1 Configuration of Model Selection Program

  (A) 
                           (B) 

Figure 2 Input screens for branch circuit 

Figure 3 Output screens for branch circuit



After all conditions are input, and the “Calculation” 
button is clicked, dynamic characteristics of branch 
circuit will be automatically calculated by simulation. 
Figure 3 shows output screens for calculation results of 
branch circuit. Stroke time, start time, final velocity, etc. 
are displayed for all cylinders in the branch circuit 
output screen.  
Detail results of every cylinder will be showed if the 
“Individual Result” button is clicked. Cushion capacity 
can be calculated by clicking the “Cushion” button. And 
if necessary, proper model of shock absorber can be 
selected by clicking the “To shock absorber section” 
button. 
Manifold Circuit 
Figure 4 shows input screens of the manifold circuit. 
The maximum number of valves is 20 in one manifold 
circuit in the software.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
After the “Common” button is clicked, the common 
circuit input screen will be appearing as it is showed in 
Figure 4 (A). Supply pressure, ambient temperature, and 
model specifications for pipes, silencer can be set in this 
screen. Supply port and exhaust port can be set as one 
side type or both side type according to the specification 
of manifold. 
After the “Individual” button is clicked, the individual 
input screen will be opened as it is showed in the figure 
4 (B). Model and the specifications for cylinder, valve, 
flow controller and pipe can be set in this screen. 
Exhaust ports and supply ports of valves can be set as 

common type or individual type according to 
specifications of valve-manifold unit, after the “Circuit 
Configuration” button is clicked. 
For convenience of circuit design, copy, add, and delete 
functions are also provided for individual circuits in the 
input screen of manifold circuit.  
In the manifold circuit input screen, individual circuits 
that are driven simultaneously can be chosen and set 
before simulation starts.  
After all conditions are input, and the “Calculation” 
button is clicked, dynamic characteristics of manifold 
circuits will be automatically calculated by simulation.  
Figure 5 shows output screens of calculation results of 
manifold circuit. Stroke time, start time, finally velocity, 
etc. are displayed for every cylinder in the manifold 
circuit output screen.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
As same as branch circuit, detail results of every 
cylinder in manifold circuit are showed after the 
“Individual Result” button is clicked. Cushion capacity 
can be calculated by clicking the “Cushion” button. And 
if necessary, proper model of shock absorber can be 
selected by clicking the “To shock absorber section” 
button. 

 
MODELS AND EXAMPLES 

 
Modeling 
Pipes, cylinders and valves in all kinds of circuits are 
separately simulated with the distribution pipe model, 
the cylinder basic equations, and the ISO flow rate  

  (A) 
                           (B) 

Figure 4 Input screens for manifold circuit 

Figure 5 Output screens for manifold circuit



 
 
 
 
 
 
 
 
 
 
 
 
characteristic equations.2) Branch circuit and manifold 
circuit are simulated with the models described as 
follows. 
Figure 6 shows the model of branch circuit. Considering 
pressure loss in branch circuit, instead of traditional 
method of loss rate, a fixed flow conductance is applied 
to model the resistance effect of branch circuit. Air flow 
from valve through every branch to all cylinders is 
considered, but air flow from one branch to the others is 
neglected in the model.  
Chocked air flow through branch circuit is calculated 
with equation (1).  

 

T
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CpG 0
0ρ=               (1) 

 
Where G[g/s] is mass flow rate; C[dm3/(s·bar)] is 
conductance of branch circuit; p[bar] is absolute 
pressure of upstream air; ρ0=1.185[g/dm3] is air density 
of the standard reference conditions; T0=293.15[K] is air 
temperature of the standard reference conditions; and 
T[K] is upstream air temperature. 
Subsonic air flow through branch circuit is calculated 
with equation (2). 
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Where pa[bar] is absolute pressure of downstream air; 
b[-] is critical pressure ratio of branch circuit. 
Figure 7 shows the model of manifold circuit. Lumped 
modeling is applied to inner volume of manifold. 
Supply volume is treated as a charge chamber, and 
exhaust volume is treated as a discharge chamber. State 
change of air is assumed to be isothermal both in charge 
process and in discharge process. 
When equation of air state is applied to discharge 
chamber, change of air pressure is expressed with 
equation (3). 
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Where pd[Pa] is absolute pressure of discharge chamber; 
t[s] is time passed; R=287[J/(kg·K)] is gas constant; 
Td[K] is air temperature of discharge chamber; Gd[kg/s] 
is mass flow rate of discharging; and Vd[m3] is volume 
of discharge chamber. 
When equation of state is applied to charge chamber, 
change of air pressure is expressed with equation (4). 
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Where pu[Pa] is absolute pressure of charge chamber; 
Tu[K] is air temperature of charge chamber; Gu[kg/s] is 
mass flow rate of charging; and Vu[m3] is volume of 
charge chamber. 
Calculation Example 
As an example, simulation and experiment results of a 
branch circuit is presented. It is a pneumatic system 
with five different cylinders controlled by one valve. 
The load of every cylinder is 1kg on the top of piston as 
showed in the figure 8.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 

 Cylinder Cylinder 

Valve 

Figure 6 Model of branch circuit 

 Cylinder 

Supply 

Exhaust 

Valve 

Manifold 

Figure 7 Model of manifold circuit

Figure 8 Example of calculation 



 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Pressure in rod side chamber and head side chamber of 
the cylinders, and displacement of the pistons are tested 
in practical experiments. And the circuit is simulated 
with the Pneumatic Model Selection Program too, to get 
all dynamic characteristics. 
One of the cylinders in the branch circuit is with 20mm 
diameter and 50mm stroke. Figure 9 shows the results 
of push-out process of the cylinder. The simulation 
results are in close agreement with the experiment 
results. Figure10 shows the results of pull-in process of 
the cylinder. The simulation results are also in close 
agreement with the experiment results. 

 
CONCLUSION 

 
Firstly, outline and guidance of the Pneumatic Model 
Selection Program is introduced in this paper. Secondly, 
modeling and calculation method of branch circuit and 
manifold circuit is explained. Thirdly, a practical 
example of branch circuit is presented. Obviously, with 
the help of the Pneumatic Model Selection Program, 
design of complex pneumatic system, such as branch 
circuits and manifold circuits becomes easy and 
efficient. 
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ABSTRACT 

 
This paper deals with the dynamic characteristics of an electro-pneumatic hybrid positioning system. This system is 
composed of a pneumatic, an electric and a mechanical driving sub-system. The pneumatic driving system controls the 
pressure supporting the inertial mass, which means that the pressure is correspondent to the gravitational force acting on 
it. And the electric driving system with small capacity moves the inertial mass vertically through a ball screw as a 
mechanical driving sub-system. In the present study, in order to developing the electro-pneumatic hybrid positioning 
system, the mathematical model of this system has been refined by comparing calculation data with the experimental 
results, especially by measuring precisely frictional force of the ball screw. And the power consumption as well as the 
dynamic characteristics has been investigated numerically when the inertial mass is moved vertically upwards and 
downwards during one cycle by the electric driving system through the ball screw. The data on the power consumption 
during one cycle will be useful to select a suitable driving motor at the design stage. 
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Electro-pneumatic hybrid positioning system, Dynamic characteristics, Pressure control, Bondgraphs, Modeling 

 
 

NOMENCLATURE 
 

Ae : Effective area of the cylinder     [m2] 
Ar : Area of rod side cylinder      [m2] 
Ah : Area of head side cylinder     [m2] 
C : Frictional loss coefficient      [Ns/m] 
F  : Force           [N] 
k : Specific heat ratio        [-] 
K : Rigidity of coupling       [Nm/rad] 
Iz : Momentum of shaft       [kgm2] 
l : Lead of ball screw        [m] 
m&  : Mass flow rate        [kg/s] 
M : Inertial mass         [kg] 
P : Pressure          [Pa] 
Q : Flow rate          [m3/s] 
R : Gas constant         [J/(kgK)] 
T : Temperature         [K] 

v : Velocity          [m/s] 
ω : Rotational speed        [rad/s] 
τ : Torque           [Nm] 
 

INTRODUCTION 
 

A pneumatic system has some advantages such as 
safety, ease to maintenance, environment, and so on. 
Then the pneumatic system is used various automation 
machines. However, the pneumatic system is difficult to 
control velocity and positioning of an inertial mass 
precisely [1-2]. To improve these disadvantages, an 
electro-pneumatic hybrid system is proposed [3]. In this 
system, supplied air pressure supports an inertial mass 
and the positioning of the inertial mass is controlled by a 
servomotor. This mechanism can easily control the 
positioning of the inertial mass more precise than a 



pneumatic system.  
However, when this actuator moves with suddenly 

large inertial mass, the servomotor faces unpredictably 
large torque and stops automatically. To avoid this 
stopping, it is important to predict the load of the 
servomotor precisely by analyzing the dynamic 
characteristics of the system.  

Bondgraph method is very convenient to predict the 
system dynamic characteristics and calculate power 
consumption. The method is available in various systems 
composed mechanical, electrical and hydraulic 
components because it is based on the viewpoint of 
power conservation. This method has been used for 
prediction of dynamic characteristics and designing real 
systems [4-6]. In order to establish a design method of an 
electro-pneumatic hybrid system, the Bondgraph method 
is surely useful. 

The objectives of this study are followings. 
1. To investigate frictional loss of the electro-pneumatic 
actuator by experiment. 
2.  To construct a mathematical system model of the 
electro-pneumatic actuator. 
3.  To compare experimental results with calculated 
results when this actuator is operated and to verify the 
mathematical model of the system. 
 

ELECTRO－PNEUMATIC ACTUATOR 
 

Figure 1 shows the electro-pneumatic hybrid actuator. 
The Electro-pneumatic actuator consists of a servomotor, 
a cylinder, a ball screw, a rod and a air supply system. 
The servomotor is combined with the ball screw. The rod 
is combined with the nut. The bottom part of ball screw 
is inside the rod, when the servomotor is driven, the ball 
screw rotates, the nut moves and the inertial mass also 
moves.  

 

 
Fig. 1 Schematic of Electro-pneumatic actuator 

The pressure of air supply system is correspondent to 
gravitational force acting on an inertial mass. Therefore, 
even a servo motor with low-capacity can control a large 
inertial mass. 
 

EXPERIMENTAL EQUIPMENT 
 

Experimental equipment is shown in Fig. 2. The pressure 
of the air supply unit is controlled by an 
electric-pneumatic regulator and is provided into the rod 
side of the cylinder. The pressure of another side chanber 
is atmospheric pressure. PC controls the 
electro-pneumatic regulator and angular velocity of the 
servomotor for precise positioning. In the experiment 
torque and rotational degree of the servomotor are 
measured. 
  

SIMULATION MODEL 
 

Generally, a physical system consists of electrical, 
mechanical, fluid, thermal system and so on. Because 
power flows between elements in physical systems, the 
systems can be expressed using power train. Bondgraph 
method is one of the system expression method based on 
power train.  

When power flows from a system to a sub-system, 
these two elements can be connected by a line, called 
bond, which indicates power flow, as shown in Fig.3. 
Power is the product of effort and flow variables in each 
system, shown in Table 1. Consequently, the power bond 
has two power variables, effort and flow. In Bondgraph 
method, an element indicates a physical quantity in each 
field, shown as Table 2. 

 
Table1 Variables 

 

 Rectilinear 
system 

Rotational 
system 

Fluid 
system 

Effort Force Torque Pressure 

Flow Velocity Angular 
Velocity 

Volume 
flow rate 

 
Table2 Elements 

 

Element Mechanical 
system 

Rotational 
system Fluid system

SE Force Torque Pressure 

SF Velocity Angular 
Velocity 

Volume flow 
rate 

R Friction Friction Fluid 
Friction 

I Mass 
inertia 

Momentum 
inertia Mass inertia

C Spring Spring Capacity 
 

Load

Nut

Ball Screw 

Air Supply Unit 

AC Servo Motor 

Cylinder

Rod 



 
 

 

 
Fig. 3 Bond 

 
A system bondgraph model of the electro-pneumatic 
actuator is shown in Fig. 4.  

Output pressure of an air supply unit is assumed to be 
constant. Then an air supply unit is modeled by ‘Se: Air 
supply unit’ element. The following equation can be used 
for this element. 

 
constP =1             (1) 

 
Subscript indicates the number of bond. 

An electric-pneumatic regulator is modeled by ‘R: 
Valve’ element and its constitutive equation is expressed 
as follows. 
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Where Ae is effective area of the electric-pneumatic 

regulator, P1 is pressure of air supply unit, T1 is 
temperature of air. 

‘C: Compressibility’ element means compressibility 
of the air in the rod end chamber of the pneumatic 
cylinder. Its constitutive equation is expressed as follows. 

 

∫ +−
+

= −− 011
0

4 )( PdtAvPmRT
AxV

P tt &
κ     (4) 

 
Where P0 is initial pressure of rod-end chamber, V0 is 
initial volume of rod-end chamber, Tt-1 is calculation 
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Fig. 2 Experimental apparatus 



result of temperature, Pt-1 is calculation result of pressure. 
Each variable are calculational results before 1time step. 

‘TF1:Cylinder_head_side’, ‘TF1: Cylinder_rod_side’ 
mean pressure area of piston, and its constitutive 
equation is expressed as follows 

 
56 PAF r=             (5) 

 
65 vAQ r=             (6) 

 
87 PAF h=             (7) 

 
78 vAQ h=             (8) 

 
Where Ar is area of rod side chamber, Ah is area of head 
side chamber. By these elements, pressure is changed 
mechanical force. 

‘SF: Servomotor’ element represents angular velocity 
of a servomotor. The objective of present study is to 
establish a mathematical model of an electro-pneumatic 
hybrid positioning system. Therefore, the accurate 
mathematical model of the servomotor was not derived. 

Angular velocity ω9 is measured in experiment and 
used as an input to the system in simulation.  

‘C: Coupling’ element means the torsion rigidity of 
the coupling, this equation is represented as follows. 

 

∫= dtK 1010 ωτ              (9) 

 
where K is rigidity of coupling. 

‘I: Inertial_moment’ element means moment of ball 
screw. This equation is represented as follows 

 

∫= dt
I z

1212
1 τω              (10) 

 
where Iz is the inertial momentum of shaft 

A ball screw is represented by ‘TF: Ball screw’ 
element for change from rotation motion to liner motion, 
and its constitutive equation is expressed as follows 

 

1314 2
ω

π
lv =                (11) 

 

Fig. 4 System bondgraph model 
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where l is lead of ball screw. 

‘R: Loss_Bscrew’ and ‘C: Elasticity_Bscrew’ element 
mean the characteristic of a nut. 

‘I: Inertial mass’ means an inertial mass. This 
constitutive equation is expressed as follows 

 

∫= dtF
M

v 2121
1              (13) 

 
‘R: Loss’ means frictional loss of cylinder. It is 

difficult to decide a frictional loss of a cylinder from 
using only parameters of equipment. Accordingly, this 
parameter is measured by experiment. Therefore this 
constitutive equation is expressed as 

 
2222 vCF ⋅= )01.001.0( 2222 vorv <−<    (14) 

 
.22 constF = )01.001.0( 22 <<− v        (15) 

 
‘Se: Gravity’ indicates gravity force of an inertial mass. 
It is constant value. 

 
MgF =23             (16) 

 
RESULTS AND DISCUSSION 

 
1.Frictional loss 

Frictional force is measured by experiments. The 
pressure which is controlled by an electric-pneumatic 
regulator is set at the constant value correspondent to the 
gravitational force of an inertial mass. By rotating the 
servomotor, an inertial mass moves upwards or 
downwards. The relationship between force of the 
cylinder and moving velocity of the inertial mass is 
followings. 

F, force of the nut is calculated by pressure P, torque  
τ and inertial mass M (Eq.(17)). Pressure and torque 
were measured. The coefficient of frictional force is 
calculated by Eq.(18).  

 

MgPA
l

F e −+= τπ2                      (17) 

 

v
FC =                                    (18) 

 
Fig. 5 shows the measured results of the frictional 

force. It can be seen from this figure that the frictional 
loss is affected by the velocity of inertial mass. 

Relationship between the velocity and frictional 
coefficient is expressed as 
 

79.07.213 −= vC  (Upward)         (19) 
 

86.00.179 −= vC  (Downward)        (20) 
 

The frictional coefficient used here was taken from 
the experiment and was placed R element for the 
simulation. 
 

 
Fig. 5 Frictional Loss 

 
Table3 Experimental Parameters 

 
Parameter Value 

Valve effective area       [m2] 5100.6 −×  
Estimated valve effective area   [m2] 5102.1 −×  
Ratio of the specific heat of the air  [-] 1.4 

Initial temperature [K] 293 
Gas constant [J/kg K] 287.3 

Cross sectional area of the cylinder [m2] 2.63e-3 
Initial volume of the cylinder [m3] 2.63e-4 
Initial pressure [MPa] (absolute) 0.224 

Inner diameter of the cylinder tube [m] 2103.6 −×  
Diameter of the cylinder rod [m] 2105.2 −×  

Weight [kg] 31.7 
Constant dynamic friction [Ns/m] 160 

Friction loss coefficient (UP) [Ns/m] 
Friction loss coefficient (DOWN) [Ns/m] 

706.59v-0.73 

435.61v-0.66

Elasticity of the nut (Gap ≥  0.1 [mm]) 8101.1 ×  
Gap( Damper coefficient ) [Ns/m] 1.0×105 

Lead of the ball screw [m/r] 3100.5 −×  
Inertial moment [kgm2] 4.06×10-5 

Rotational elasticity of the coupling 
[Nm/rad] 

120.9 

 
 
2. Dynamic characteristics and power consumption 

The experiment of dynamic characteristic of the 



electro-pneumatic actuator is performed. Prior to the 
experiment, the position of the inertial mass was set at 
the lowest point and the control of the pressure acting on 
the inertial mass was started.  

The input signal to determine angular velocity of 
servomotor was added to the servomotor controller. And 
then, inertial mass moved upwards by 100 mm, then 
stopped, and moved downwards by 100 mm. These 
experiments were carried out at same angular velocities 
of the servomotor. Experimental results are inputted as 
the angular velocity in the simulation. Table 3 shows 
experimental parameters. Only parameters of friction 
loss coefficient and input angular velocity are the 
experimental data and the others are catalogue value.  

Simulation and experimental results are shown in Fig. 
6. It can be seen from this figure that the experimental 
result and calculation result are agree well when inertial 
mass is moved. However, when inertial mass is stopping, 
calculation result is different from experimental ones. It 
might be thought that static friction at a moment when 
the servomotor stops is different in each case of 
experiments. When the mass moves downwards, the 
calculation data is stable compared with experimental 
data. This is because the capacity of the 
electro-pneumatic regulator is not suitably determined. If 
new regulator with more capacity is used, the both data 
will agree well. Any well, the data comes to a close 
match with an only minor discrepancy.  

 
Fig. 6 Torque 

 

Fig. 7 Power of servomotor 
Fig. 7 is comparison of calculation results with 

experimental ones on servomotor power. From this 
figure, calculation result and experimental one are agree 
well. Therefore, it is seemed that this model can predict 
the power of servomotor of electro-pneumatic hybrid 
actuator. 

 
CONCLUSION 

 
The mathematical model of the electro-pneumatic 

hybrid actuator was proposed to predict the system 
dynamic characteristics and power consumption. The 
frictional loss of the actuator, which is the most difficult 
parameter to be determined in the system, was measured 
precisely at moving upwards and downwards during the 
cycle. As a result, calculation result agrees well with 
experimental results. This proved that this mathematical 
model can predict dynamic behaviors of the system and 
the power of servomotor. 
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ABSTRACT 
 

This paper makes modeling and simulation for some simple cylinder halfway stop systems with valves of different 
center configuration. Simulation gives the displacement curves of the piston in the working stroke and over-shoot 
values are also obtained according to each kind of halfway stop system. Furthermore, experimental systems are built 
and displacement curves are also achieved in these experimental systems, which has validated the simulation research. 
Comparison analysis and characteristic summary are dealt with different systems. 
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NOMENCLATURE 
 

A : Area of the piston (m2) 
Qm:  Mass flow (Kg/s) 
R :  Gas constant (287JKg-1K-1) 
L :  Full stroke of the cylinder (m) 
T :  Temperature (K) 
x : Displacement of the piston (m) 
t :  Time (s)； 
k :  Specific heat ratio, k=1.4 for the air 
X0 :  Initial remaining length of the cylinder 
Cq :  Flow coefficient（0.7） 
Aq :  Synthesis flow area of the valve, the speed 

controller, and the cube (m2) 
M : Mass of the air (Kg) 
a :  Coulomb friction (N) 

b :  Slip friction coefficient 
F1 :  Friction between the piston and the cylinder (N) 
F2 :  Friction between the load and the linear rail (N) 
MW :  Mass of the load and the piston rod (Kg) 
F :  Total friction (N) 
Subscripts 
‘1’ and ‘2’ : Parameters of left and right sides 
respectively. 
‘a’ and ‘s’ : Parameters of atmosphere and air supply 
respectively. 
 

 INTRODUCTION 
 
Cylinder halfway stop system, made up of 3 positions 
and 5 ports valve, exhausted-center or closed-center, 
and speed controllers of meter-in or meter-out, is widely 



used in safe doors of machines as its simplicity and 
low-cost. However, over-shoot often occurs because of 
some difficultly unavoidable factors such as gas 
compressibility, switching delay of the solenoid valve, 
and so on when the cylinder is controlled to halfway 
stop. Therefore, it is significant for life safety to know 
this over-shoot in designing phase. In this paper, 
modeling, simulation and experimental investigation for 
the cylinder halfway stop system are completed, which 
can provide theoretical foundation and practical validity. 

 
MODELING 

 
Simple cylinder halfway stop system is controlled by 
the exhausted-center or closed-center valve of 3 
positions and 5 ports, with speed controllers of meter-in 
or meter-out. Therefore, four familiar loops, as shown in 
Fig.1, will be studied in this research. The different 
kinds of speed controller only shows different flow 
characteristics in and out of the cylinder. So, generally 
speaking, the four loops can be classified to two types, 
exhausted-center and closed-center systems by the valve 
configuration. To simplify the modeling and calculation, 
conventional hypotheses are quoted as following. 
1) The working medium, air is the ideal gas. 
2) The air supply is stable with no fluctuation. 
3) Internal Leakage of the cylinder and the valve is 

neglected. 
4) The working course is adiabatic, and it is 

approximately a thermodynamic static course. 
 
 

 
(a) Exhausted-center system 

 

 

(b) Closed-center system 

Fig.1 Simple cylinder halfway stop system 

 
Exhausted-center system 
The piston of the cylinder is initialized to the left 
position. The initial pressure of left side is atmospheric 
pressure and that of the right side is pressure of the air 
supply. Then, the valve is controlled, the left side of the 
cylinder is charged and the right side discharged, the 
piston is moving to right. When the piston arrives 
halfway, the valve is switched to center. Because the 
valve is exhausted-center, the left side is discharged and 
right side continues to be discharged. For any solenoid 
valve, there is switching delay when it is controlled. 
This delay time must be considered when simulation.  
 
The pressure equations: 

Left side is charging course, 
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Right side is discharging course, 
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The flow equations: 

Left side is charging course,  
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Right side is discharging course, 
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The force equations: 

  

2

1 1 2 22W
d xM p A p A F
dt

⋅ = − −
      (5) 

 
In Eq. (5), F is the total friction in the system, which is 
composed of two parts. One is the friction F1 between 
the piston and the cylinder. When the pressure 
difference between both sides of the piston is not greater 
than the maximum friction of the piston, the piston is 
static and the friction is the force owing to the pressure 
difference. When the pressure difference between both 
sides of the piston is greater than the maximum 
Coulomb friction of the piston, the piston is moving and 
the friction is proportional to the velocity of the piston 
[3]. The other is the Coulomb friction F2 between the 
load and the linear rail.  
 

21 FFF +=       

dt
dxb

dt
dxaF +⋅= )sign(1

        (6) 
)sign(2 dt

dxmgF ⋅⋅= μ  
 
Closed-center system 
It is little different from the exhausted-center system. 
When the valve is switched to center, both the left and 
right sides are closed because the valve is closed-center. 
Air in both sides is regarded as the ideal gas. So, it can 
be modeled with the ideal gas state equation. Similarly, 
there is switching delay when the valve is controlled. 
This delay time should be considered when simulation. 
Except for the pressure equations, flow equations and 
fore equations, the ideal state equations are also used in 
the modeling. 
 
Left side, 
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Right side, 
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SIMULATION 
 

Based on above modeling, simulation is done with the 
tool of Simulink of Matlab for the system made up of 
the cylinder of MB32-400, the valves of SY5420 
(exhausted-center) or SY5320 (closed-center), the speed 
controllers of AS2311F (meter-in) or AS2301F 
(meter-out), which are all from SMC. In order to acquire 
actual parameters, some test experiments are carefully 
done. The first experiment is to test the switching delay 
time of the valves. Experimental system is built up as 
shown in Fig.2. By acquiring the output pressure of the 
valve, we can get the pressure response of port A, 
shown in Fig.3 (for SY5320, ps＝0.5MPa), when the 
left solenoid is electrified, which indicates obvious 
switching delay, about 30ms. This experiment adopts 
the interrupt at 100K sample rate with the FIFO of the 
DAQ card as the A/D DAQ method. 
 
 

 
 

Fig.2 Experimental system to test the switching delay 
time of the valve 
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Fig.3 Experimental results of testing the switching delay 

time of the valve 
 

The second experiment is to test the flow area of the 
speed controllers, the valve and the cube with the 
traditional methods of discharging in the velocity. The 
third experiment is to test the maximum Coulomb 
friction between the piston and the cylinder. It can be 
calculated by acquiring the pressure of the left and the 
right sides when the piston starts to move by adjusting 
the speed controllers. 
Fig.4 (for the system of the cylinder MB32-400, 
load=30Kg and ps=0.5MPa) gives the displacement 
curves of the piston in the working stroke and 
over-shoot values according to each kind of halfway 
system.  
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Fig.4 Simulation of the over-shoot of simple cylinder 

halfway stop system 
 

Through simulation, we can analyze the factors 

influence on the over-shoot. Over-shoot of the 
closed-center system is greater than that of the 
exhausted-center system. Over-shoot of the meter-in 
system is greater than that of the meter-out system. 
Besides, simulation shows that the more mass of the 
load the more over-shoot, and the switching delay time 
of the valve also has much influence on the over-shoot. 
 

EXPERIMENTAL INVESTIGATION 
 

Experimental systems are built as the Fig.5 shows. The 
DAQ hardware is from ADVANTECH of Chinese 
Taiwan. The displacement of the piston rod is measured 
by a raster code sensor and acquired by the PCL-833, 
and the Digital I/O is realized by PCI-1710, PCLD-782 
and PCLD-785. The DAQ software is developed with 
NI/LabVIEW.  
The experiment course is expressed as following. Firstly, 
the solenoid B is electrified, the piston goes to the left 
position. Then, the solenoid A is electrified and B 
un-electrified, the piston moves to right. When it arrives 
the halfway, e.g. the magnetism switch in the middle of 
the full stoke is on, A and B are simultaneously 
un-electrified, the valve is switching to the center, and 
the cylinder implements halfway stop. The displacement 
curves can be also achieved during the experiment 
course. 
 
 

 
Fig.5 Experimental system of simple cylinder halfway 

stop system 
 

Fig.6-a (for the system of MB32-400, exhausted-center, 
meter-out, load=30kg and ps=0.5MPa) and Fig.6-b (for 
the system of MB32-400, closed-center, meter-in, 
load=30kg and ps=0.5MPa) show the comparison 
between the simulation and experiment results.  
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(a) System of MB32-400, exhausted-center, 

meter-out, load=30kg and ps=0.5MPa 
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(b) System of MB32-400, closed-center, 

meter-out, load=30kg and ps=0.5MPa 
 
Fig.6 Comparison between simulation and the 

experimental result 
 
Some possible reasons result in the difference between 
the simulation and the experiment. 
1) The air supply of experiments is not stable. Due to 

the dynamic response of the regulator, the flow of 
air supply can not satisfy the ideal supply as the 
modeling. So, the response of experimental result 
is slower than that of the simulation. 

2) The friction model of cylinder in the simulation 
may not be accurate.  

3) The valve response has obvious influence on the 
over-shoot. 

4) The hypotheses in the simulation ignore the 
internal leakage of the cylinder and the valve and 
neglect the thermodynamic exchange. 

These factors will be deeply studied in the future 
research work to make the simulation more accurate. 
Our final destination is to provide actual over-shoot of 
every halfway stop system by our simulation software 
when engineers design this kind of system. 
 

CONLUSION 
 

Modeling and simulation of simple cylinder halfway 
stop system are completed. Over-shoot of the piston is 
achieved by simulation. And factors taking effect on the 
over-shoot are also analyzed. Besides, experimental 
systems are set up to validate the simulation. The 
research lays foundation for the future software to 
provide the over-shoot in the designing phase for 
engineers. 
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ABSTRACT 
 

Diffused pneumatic silencer has been widely used in pneumatic fields because of its small dimensions and high 
performance on noise reduction. Numerical simulation of its interior and exterior flow field is important to studying the 
gas flow in the silencer and the flow structure outside the silencer, understanding the mechanism of its noise reduction. 
Porous media model and Darcy-Forchheimer principle are used as the basic theoretical frame in this paper. The unified 
governing equations are used to describe the compressible flow in and out of the silencer. Robust numerical scheme is 
used to discritize the equations and the TDBC(Time-dependent boundary conditions) is used to treat the non-reflect 
boundaries. The detailed structures of the inner and outer flow field of the diffused pneumatic silencer are gotten. The 
results of the simulation display the characteristics of the flow in the silencer. And the structure of the flow outside the 
silencer that can be compared with the experimental data is gotten. 
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INTRODUCTION 
 
Pneumatic technology is widely applied in many fields 
of industrial production, but its application brings 
exhaust noise, which contaminates circumstance, 
disserves health, and reduces efficiency of production. 
Diffused pneumatic silencer is widely used in pneumatic 
fields because of its small dimensions and high 
performance on noise reduction. Numerical simulation of 
its interior and exterior flow field is significant for the 
study of the gas flow in the silencer and the flow 
structure outside the silencer, understanding the 
mechanism of its noise reduction, optimum design of the 
structure of the silencer. 

Porous anechoic material is the main component in a 
diffused pneumatic silencer, and the gas flow through the 
porous media is compressible gas flow in which pressure, 
density and velocity change conspicuously. As a result, 
the flow field in diffused pneumatic silencer is so 
difficult that few numerical investigations have been 
made so far. 

There are two kinds of conventional numerical 
methods which simulate the flow in the district where 
porous materials and pure fluid couple: one uses Darcy 
or Forchheimer equations and slip boundary conditions, 
and the other uses Brinkman or Brinkman-Forcheimer 
equations[1]. However, the governing equations in these 



methods aim at special flow problems, so the scope to 
use them is limited. In addition, there is no uniform 
method to choose governing equations, that is, governing 
equations are chosen empirically. 

The numerical simulation method basing on porous 
media model was initially used to simulate the flow and 
heat exchange in nuclear reactors and exchangers. There 
are many pipes and flakes in a exchanger, so a great 
number of meshes are needed to simulate the flow in 
detail. Patankar and Spalding[2] (1974) gave out a method 
which adopts distributive resistance, it was called porous 
media model method. In this method, the influence of 
solid structure (pipes in a exchanger) on mass is reflected 
with porosity and surface permeability, the influence on 
momentum is reflected with distributive resistance; the 
influence on energy is reflected with distributive heat 
source, then the flow can be simulated with sparser 
meshes. Using this method, Sha[3] simulated the flow in a 

vapor generator and core of a nuclear reactor, Karayannis 
and Markatos[4] simulated the flow in a exchanger, 
Prithiviraj and Andrews[5][6] simulated the flow in a 
three-dimensional exchanger. 

In this paper, porous media model is adopted, 
compressible gas flow in and outside a diffused 
pneumatic silencer is described with uniform and 
modified N-S equations, and the source terms in 
equations are determined with Darcy-Forcheimer law. 
Equations are discretized by using NND format which 
has good stability and high accuracy, no-reflect boundary 
conditions are dealt with by using time-dependent 
boundary conditions. Numerical simulation on the flow 
field in and outside a diffused pneumatic silencer is made, 
inner and external flow fields of a diffused pneumatic 
silencer are got, and the results of numerical simulation 
on external flow field can be compared with experiment.  

 
 
 
 
 
 
 
 
 

 
 

Figure 1.Structure of a diffused pneumatic silencer 
 

DIFFUSED PNEUMATIC SILENCER 
 

A diffused pneumatic silencer is composed of three 
parts: a silencer shell, porous materials and a end-cover. 
Its structure can be seen in figure 1. 

 
PHYSICAL MODEL 

 
In figure 1, high pressure gas which has the 

temperature of 1T , density of 1ρ , pressure of 1p  goes 
through a silencer at the axial velocity of 1u , because of 
the resistance of the end cover, the gas will effuse in the 
radial direction, and the velocity turns to 0u , pressure 
turns to 0p , density turns to 0ρ , temperature turns to 

0T . This is the compressible axis-symmetrical flow 
which goes through a zone coupling porous media and 
pure fluid. 
 

EXPERIMENT PARAMETERS 

Experiment about the gas flowing in a silencer was 
performed, the purpose was to provide necessary 
parameters for numerical simulation and validate the 
result of numerical simulation. The velocity of the gas 
flowing into a silencer is 65.1m/s, and the pressure is 
1.6602×105  Pa, the gas pressure turns to 1.013×105  Pa 
after effusing the silencer, the temperature is 298K, 
porosity of porous materials is 0.86, permeability K is 
1.21×10-11m2, and the inertia coefficient FC  is 
0.91×105m-1. 

 
GOVERNING��EQUATIONS 

 
N-S equation for integral unsteady axis-symmetrical 

compressible fluid is shown below [7]  
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where Q is a variable to be resolved, 
v v( ) ( )x re e= − + −

v v vA E E F F , E and F are 
non-viscous fluxes in the directions of x and r 
respectively, vE  and vF  are viscous fluxes in the 
directions of x and r respectively, S is the source term 
in the axis-symmetrical N-S equation. 
According to the porous media model [2], modified N-S 

equation for unsteady axis-symmetrical compressible 
flow in porous media can be gotten from (1) 

0por
v n v v

V S V V

a dV a n dS a dV a dV
t r r
∂

+ ⋅ + + =
∂ ∫∫∫ ∫∫ ∫∫∫ ∫∫∫

vv SSQ A

                (2) 
where va  is volume porosity, na is surface 
permeability in the direction of nv . 

v
A , Q  and S  

have the same definitions as in (1). porS is the source 
term of distributive resistance in the porous media and 
heat source. When 1== nv aa , 0=porS , (2) will 
be (1), which is normal N-S equation. Source term porS  
is shown below, distributive resistances xR  and rR , 
heat source rbQ  is relative to investigated flow. 
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S                           (3)                                     

Perform the coordinate transformation below on 
equation (2) 

( , )
( , )
x r
x r

ξ ξ
η η
=⎧

⎨ =⎩
                           (4)                                   

then the physical plane can be transformed to 
computational plane, resolve the equation on 
computational plane, detailed formulations for 
coordinate transformation, fluxes and the source term 
can be found in reference [7]. 

 
IDENTIFICATION OF SOURCE TERM 

 
To simulate the flow in porous media correctly, the 

source term porS  must be identified appropriately. The 
flow in porous media is very complex, the flow 
characteristics are different along with the variety of 
flow status, so the source term should be relative to the 
flow status of the simulated flow. To identify the 
expression of source term, the flow status should be 
known first. Hitherto most researchers regard the 
Reynolds Number based on aperture ( PRe ) [8] and the 
Reynolds Number based on permeability ( KRe ) [9] as 
the criterion of flow status. Usually, when 1Re <K , the 

flow is normal Darcy flow, that is, there is linear relation 
between pressure gradient and velocity. 
When 10Re1 << K , the flow is not Darcy flow, the 
linear relation between pressure gradient and velocity is 
not tenable, Forcheimer modification to flow equation is 
needed, but the flow is still laminar flow [9], this kind of 
flow is the so-called Darcy-Forcheimer flow. Along with 
the increase of velocity, the flow in porous media will 
turn to turbulent flow. How to differentiate the turbulent 
flow in porous media has been a problem in the research 
domain, there is not a definite criterion so far. Seguin’s 
recent experiment[10][11] indicated that the laminar flow in 
porous media can maintain until 200150Re −<P , 
when PRe  is larger than a given value, flow will turn 
to turbulent flow, the given value is relative to the 
structure of porous media, usually it is above 300. 
Equation (2) can simulate all kind of flows in porous 
media, when simulating laminar flow, only the 
expression of source term need to be identified; when 
simulating turbulent flow, it is necessary to introduce 
appropriate turbulence model and corresponding 
governing equations. There is only study on numerical 
simulation for laminar flow in this paper. 

Steady Darcy-Forchheimer flow in porous media 
complies with Darcy-Forchheimer law [12] below: 

F fp V C V V
K
µ ρ∇ = − −
v v v

                (5)            

where K  is permeability, FC is Forchheimer inertia 
resistance coefficient, fρ is the density of fluid, V

v
is 

Darcy velocity, µ  is the dynamic viscous coefficient, 
V
v

 is the modulus of velocity, 2 2
x rV u u= +

v
. 

The relation between Darcy velocity V
v

 and fluid 
velocity uv  is: 

vV a u=
v v

                             (6)             

then the expression (5) can be written as  

2
v F f vp a u C a u u

K
µ ρ∇ = − −v v v

           (7)             

In porous media model, distributive resistances [2] are 
identified with the expression below 
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                        (8)              

Comparing (7) with (8), expressions of distributive 
resistances can be given out below. 

 
 



 
 
 
 
 
 
 
 
 
 
 

Figure 2.Computational zone                        Figure 3.Computational grid 
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K
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2
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      (9) 

For the flow in porous media without heat source, 
Qrb=0. 

For Darcy flow in porous media, set FC  in the 
expressions of distribute resistances in (9) to 0, porosity 
and inertia coefficient in (9) are determined in 
experiment. 

 
NUMERICAL METHOD 

 
Finite volume method was adopted to resolve 

equation (2). After the coordinate transformation, the 
equation was discretized on structural meshes. The 
viscous flux terms of the governing equations are 
computed by second-order central difference scheme and 
the non-viscous flux terms are discretized by the second 
order NND scheme [13]. The NND scheme belongs to 
TVD up-wind scheme, it has good stability and artificial 
viscosity is not needed in calculations. After spatial 
discretization, equations are integrated by the TVD type 
3-stage Runge-Kutta scheme[14], which has third-order 
accuracy and its effectiveness is well proven in the 
calculation of time dependent problems. 

  
COMPUTATIONAL ZONE AND GRID 

 
As shown in figure 2, computational zone comprises 

inner zone, porous materials zone and external zone, 
although two solid zones, silencer shell and end cover 
are in computational zone, they are not calculated during 
computation. The computational zone has an axial length 
of 15D and a radial width of 10D, D is the inner radius of 

anechoic materials. Grid networks of 302(x)×121(y) 
were chosen to use, as shown in figure 3. 
 

BOUNDARY CONDITIONS 
 

There are five kinds of boundaries in computational 
zone: subsonic inflow boundary, subsonic outflow 
boundary, axisymmetric boundary, far-field 
non-reflecting boundary and adiabatic non-slip wall 
boundary condition. Time dependent boundary 
conditions (TDBC) which was given by Thompson and 
Lele were used to deal with far-field non-reflecting 
boundary, details can be found in references[15] [16] 
[17]. Five kinds of boundaries are shown in figure 2. 

Boundary 1 is subsonic inflow boundary, subsonic 
inflow conditions are given, including temperature, axial 
velocity, and radial velocity. 

Boundary 2 and 4 are far-field non-reflecting 
boundaries, far-field non-reflecting boundary conditions 
are given. 

Boundary 3 is subsonic outflow boundary, subsonic 
outflow condition is given, which is outflow pressure. 

Boundary 5 is axisymmetric boundary, 
axis-symmetrical conditions are given, that is, set radial 
velocity to be 0; for other parameters, their one-step 
differential coefficient in the direction of r are set to be 0 
as well. 

Surfaces on the solid structures in computational 
zone are given adiabatic wall boundary conditions, that is, 

set axial and radial velocities to be 0, and 0T
n

∂
=

∂
. 

 
TURBULENCE MODEL 

 
The flows studied in this paper comprise three flow 

domains: flow in the silencer, flow in anechoic materials, 
and flow outside the silencer. Flow in the silencer has 
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high velocity and large Re, so it belongs to turbulent 
flow. Flow in anechoic materials has low velocity 
(<10m/s), and Re 30P < , Re 2K > , according to the 
criterion[8][9][10][11], the flow belongs to no-Darcy laminar 
flow in porous materials. Flow outside the silencer is 
considered to be turbulent flow, too. In this paper, RNG 
k- ε  turbulence model[18][19] given by Yokhot and 
Orszag is used to deal with turbulent flow.  

 
NUMERICAL RESULTS AND DISCUSSION 

 
Pressure and velocity distributions on the axis in 

silencer are shown in figure 4 and figure 5, respectively. 
As shown in these figures, pressure and velocity are 
constant in the entrance section (domain enclosed by 
shell), after entering domain enclosed by porous 
materials, because the flow section reduces, velocity 
increases and pressure decreases. Gas in silencer is 
blocked by the end cover, so it effuses through anechoic 
materials in the radial direction, as a result, axial velocity 
decreases gradually and pressure increase meantime. In 
the domain outside the silencer, axial velocity was 
reduced to be 0, pressure turns to be atmospheric 
pressure. It can be seen that the pressure and velocity in 
the silencer are non-uniform. 
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Figure 4. Pressure distribution on the axis 
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    Figure 5. Axial velocity distribution on the axis 

Flow fields distribution outside the silencer are 
shown in figure 6, 7, 8, which denote the distributions of 
radial velocity at three positions, which has a distance of 
1mm, 3mm and 5mm from the out surface of anechoic 
materials. In these figures, velocity outside the silencer is 
very non-uniform, compare the experimental result with 
the result of numerical simulation, it can be seen that 
numerical simulation describes the flow field well. 
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      Figure 6. Radial velocity distribution (1mm from 

the surface of anechoic materials) 
 

In addition, the characteristics of the flow field 
outside the silencer are: velocities of gas beside the 
silencer’s two ends are higher than those in the middle of 
the silencer, and the velocities in the middle increase 
from left to right (figure 6). The flow field has the 
special structure due to the pressure distribution of the 
flow in the silencer. Radial velocity distribution on inner 
surface of anechoic materials is nearly uniform, it is 
shown in figure 10. There are a pressure drop and a 
minus radial velocity of large magnitude in figure 9 due 
to the contractibility of inflow area section. If presume 
that porosity and permeability of the porous materials are 
constant, there should be high outflow velocity at the 
position where pressure in anechoic materials is high, 
shown in figure 10. 
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Figure 7. Radial velocity distribution 
(3mm from the surface of porous media) 
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    Figure 8. Radial velocity distribution 
    (5mm from the surface of porous media) 
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Figure 9. Radial velocity distribution (inner surface)   
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Figure 10. Radial velocity distribution 

 (external surface) 
 

CONCLUSIONS 
 
(1) With the use of porous media model, modified N-S 
equations, time-dependent boundary conditions(TDBC) 
for non-reflecting boundary, and NND schemes are 
adopted to numerically simulate the inner and external 
flow fields of a diffused pneumatic silencer, results of 
numerical simulation agrees well with experimental 
results. 

(2) Results of simulation disclosed the characteristics of 
inner flow field and the distribution of external velocity 
of the silencer. 
(3) Outflow velocity distribution is special non-uniform, 
it is determined by pressure distribution in the silencer. 
Inner pressure distribution and outflow velocity 
distribution can be improved by improving the structure 
of the silencer, such as modifying inner area section, 
reducing the area of shell and end-cover which cover 
anechoic porous materials. Velocity distribution’s 
change can observably affect the noise elimination of a 
silencer. 
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Abstract

Information concerning the flow rate of pneumatic components is essential for both selecting the right component at the
design stage and validating different performances of a circuit. Recently, new procedures based on the measurement of
the transient response for the charge or the discharge of a tank have been proposed. These procedures are corresponding
to an inverse approach that enables the mass flow rate in a component to be identified. The presented work investigates
these new approaches and discusses the problem related to the use of inverse models. The heat transfer problem, which
appears to be the main difficulty, is illustrated in order to analyze the relevancy of the thermal hypothesis.

Keywords

Pneumatic, Inverse model, Heat exchange, Mass flow characteristic

Nomenclature

Physical parameters

b : critical pressure ratio
C : sonic conductance [m3/s/Pa]
h : specific enthalpy [J/kg]
hconv : convection coefficient [kg]
k : polytropic index
m : mass [kg]
P : static pressure [barA]
Q : heat [J]
q

hout : outlet enthalpy flow rate [W]
q

mout : outlet mass flow rate [kg/s]
S : surface of thermal exchange [m2]
t : time [s]
T : static temperature [K]
U : internal energy [J/kg]

V : volume of the tank [m3]
ρ : density [kg/m3]

Physical constants

cv : specific heat at constant volume
r : gas constant = 287J/(kgK)
γ : ratio of specific heat = 1.4

Index and indices

0 : starting time of discharge
i : generic time of discharge
r : reference value
u : upstream
d : downstream
V : tank
W : wall of the tank
∞ : infinite time



1 Introduction

Although the mass flow rate characteristic of a
pneumatic component has to be as accurate as possible
for modeling purposes, only a reference associated to
a specific procedure has to be defined in order to
compare several components and to make a selection
for design purposes. The difficulty in the case of the
pneumatic technology relies on the lack of theoretical
models allowing a simple and accurate characterization
of the flow rate to be used both for modeling purposes
and classification of components.
The ISO6358 standard [1] is based on a mathematical
approximation of the mass flow rate characteristic and
describes the experimental conditions and the bench
assembly in the case of a constant section orifice. This
mathematical approximation of the mass flow rate is
a function of the pressure ratio and of the upstream
pressure and temperature (1). Although the use of this
standard is restricted to the characterization of single
orifices, it proposes an approach that is usable both
for modeling purposes and classification of components.
However, the time and the need of an expensive
equipment required to achieve the measurement using
the 6358 standard are the main drawbacks for its
extension in an industrial context.
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Recently, some other procedures based on the
measurement of the transient response for the charge
or the discharge of a tank have been proposed. Kagawa
et al. [2, 3], Benchabane et al. [4] and Kuroshita et
al. [5] have proposed such methods [6, 7] to identify
the sonic conductance C and the critical pressure ratio
b, the mass flow rate being obtained from the pressure
response using an approximation of the solution of
the tank state equation. These last procedures are
corresponding to an inverse approach for identifying the
mass flow rate in a component. Although it allows the
experimental procedure to be shortened, the accuracy
of the results are strongly related to the parameters of
the experimental rig.
The presented work investigates one type of these new
approaches, the discharge of a tank, and discusses the
problem related to the use of inverse models in the case
of identification problems.
The heat transfer problem, which appears to be the
main difficulty when an inverse approach is used, is
here illustrated in order to analyze the relevance of the
thermal hypothesis (heat exchange, polytropic model).
Although the isothermal chamber technique introduced
by Kagawa [2] is an interesting but costly solution for
solving the heat transfer problem, it is shown in this
paper that any type of tank may be used if the heat

transfer phenomena has correctly been identified. The
results show the requirement of a precise model in order
to reach the adequate accuracy needed for the extension
of this approach to an usable orifice characterization
procedure.

2 Thermodynamical model of a pneumatic

chamber

Pv,  Tv,  V

STW dt
Qδ

outoutout �� qhq ⋅=

Figure 1: Pneumatic chamber

Considering the discharge of a tank (Figure 1), if the
chamber volume is large enough, the kinetic energy of
the fluid in the chamber can be neglected. The mass
conservation law and the internal energy conservation
law (2) enable the complete description of the dynamic
behavior of the gas in the chamber. Considering the
heat exchanged with the environment, without any
mechanical work, the first law of the thermodynamics
can be applied to this opened system.
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dU

dt
= −q

hout +
δQ

dt

(2)

With the hypothesis of a perfect gas, and assuming that,
at any time, the pressure PV , the temperature TV and
the density ρV of the gas are uniform in the chamber and
equal to their mean value according to space, the state
model of the system can be described by the following
system of differential equations (4) using pressure and
temperature in the volume as new state variables (3).
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rγTV

V
· q
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V
·
δQ
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dTV
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=

(γ − 1)TV

PV V

(

−rTV q
mout +

δQ

dt

)

(4)

3 Inverse model

If we consider the complete discharge of a tank
through an orifice (Figure 2), according to the ISO6358



standard [1], the determination of the mass flow rate
characteristics of the orifice (critical pressure ratio b and
sonic conductance C) requires the measurement of the
mass flow rate through the orifice, the upstream and
downstream pressures, and the upstream temperature.
Assuming that the transient flow is negligible compared
to the main flow, the mass flow rate passing through the
orifice is equal, at any time, to the mass flow out from
the tank.

PV TV
V P a t m

)(( b ,  C )
o r i f i c et a n k

q m  o u t

Figure 2: Scheme of a tank discharge through an orifice

Considering the previous system equation (4), and
assuming that the pressure and temperature are known
at any time, the determination of the output mass flow
rate corresponds to an inverse problem. There are 2
equations and 2 unknown variables : the mass flow rate
and the heat exchanged. The inverse model (5) shows
that the pressure PV and the temperature TV have to
be once differentiated. As PV and TV are obtained
from measurements, a noise reduction procedure can be
required.
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γV PV
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·
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− V ·

dPV
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mout = −

V

rTV

·
dPV

dt
+

V PV

rT 2

V

·
dTV

dt

(5)

4 Experimental results
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Figure 3: Experimental rig for the discharge method

In order to show a validation of this inverse
methodology, the discharge of a standard steel tank
(45 liters) through a 135◦ bend fitting (5 mm internal
diameter) was realized (Figure 3). The initial pressure
in the tank is imposed by the pressure regulator. When
the initial pressure and temperature are stabilized in the
tank, the solenoid valve is opened to start the complete
discharge. Both pressure and temperature are measured
in the tank, and additional pressure transducers enable
the fitting upstream and downstream pressures to be
recorded.
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Figure 4: Measured pressure during the discharging
process

The temperature was also indirectly measured using
the ’stop method’ described by Kawashima [3]. The
procedure consists in several partial discharges always
starting from the same initial conditions (P 0

V and T 0

V ),
which have to be the initial conditions of the complete
discharge test. When the pressure in the tank reaches
the value P i

V , the discharge is interrupted by closing
the solenoid valve, and the pressure P∞

V and the
temperature T∞

V are measured. The mass of the gas
in the tank being constant, it is possible to accurately
calculate the temperature at which the discharge is
stopped using the Charles law (6). Kawashima [3] has
estimated that the error of this method is less than
0, 3K.

T i
V = T∞

V · P i
V /P∞

V (6)

Figure 5: Measured temperature of the tank using the
’stop method’ and its approximation

Figure 4 shows the measured pressure during the
discharge test from 7 bars to the atmospheric pressure.
Figure 5 gives the measured temperature using the stop
method and the polynomial approximation, which has
been introduced to solve the inverse problem. Using the
inverse model (5), the instantaneous mass flow rate and



heat exchanged (Figure 7) can be computed from these
data and their derivative. In this ideal case (Figure 2),
computing the output mass flow rate and measuring the
instantaneous pressure and temperature in the tank,
enable the mass flow rate characteristic of the orifice
through which the tank discharges to be determined
(Figure 6), and the sonic conductance and the critical
pressure ratio to be identified [1].

Figure 6: Mass flow rate characteristic
q

mout

PV
·

√

TV

T0

as

a function of the pressure ratio Patm

PV

5 Heat exchange analysis

The thermal power exchanged during the discharge is
now studied in order to verify if a polytropic law could
describe pressure and temperature in the tank during
this process, before developing a discussion on the use
of a convection law.

Figure 7: Evolution of thermal exchanged power

The heat exchanged computed from the inverse model
(5) can be compared to the heat exchanged in the case
of a polytropic evolution of the gas (7) considering
different polytropic coefficient k but the same evolution
of pressure in the tank. Using (4) in (7), the thermal
power exchanged, considering a polytropic model to

describe the discharge, is given by (8).

(1 − k) ·
dp

P
+ k ·

dT

T
= 0 (7)

δQ

dt
= −

(γ − k)

k(γ − 1)
· V

dPV

dt
(8)

According to equation (2) the exchanged power is
considered positive when it is transferred from the
environment to the gas. Figure 7 shows that the heat
transfer reaches a maximum at the discharge half time,
and though, that a polytropic law can not properly
describe the heat transfer during the discharging process
of the tank. However, figure 7 shows clearly the
importance of the heat transfer during the discharge,
and the need of a proper thermal exchange model
in order to implement the discharge method using a
standard tank.
Yingzi [8] and Benchabane [4] have also determined
the polytropic index according to time in the case
of a tank discharge. Considering a global polytropic
transformation between the initial time t0 and the time t
and using equation (9), figure 8 confirms obviously the
results of the previous works showing a large variation
of the polytropic index during the discharge going from
nearly an adiabatic process to an isothermal one.

kt0(t) =
1

1 −

ln(TV

T 0

V

)

ln(PV

P 0

V

)

(9)

Figure 8: Polytropic index according to time calculated
from initial conditions P 0

V , T 0

V

It is thus necessary to study more precisely the heat
exchanges taking place between the gas in the tank
and the environment. Classical hypotheses used in
pneumatic chambers rely on the assumption that the
thermal conductivity and the heat capacity of the wall
material are sufficiently large compared to those of
air, the wall temperature is therefore considered as
a constant and the heat exchanged can be described



by a convection heat transfer model expressed by the
Newton’s Law using a convection coefficient hconv.

δQ

dt
= hconv · S · (TW − TV ) (10)
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Figure 9: Convection coefficient vs tank pressure during
the discharge process

Figure 9 confirms that the convection coefficient hconv

is not a constant, but is a function depending on the
flow characteristics. Several models are used in the
litterature. For example, Yingzi [8] has proposed a
convection coefficient that varies from a reference value
as a function of both relative pressure and mass flow
rate. Det [9] has used a simplified Eichelberg’s model
[10] to calculate hconv (11), where hr

conv is the convection
coefficient corresponding to the reference pressure P r

V

and temperature T r
V . Considering P 0

V and T 0

V as the
reference pressure P r

V and temperature T r
V , Figure 10

shows that this model is still unable to give a correct
evaluation of hconv for the whole time range.

hconv = hr
conv

√

PV · TV

P r
V · T r

V

(11)

The previous results show clearly that the heat
exchange phenomena is complex. Further works have
to be carried on to overcome this problem both for
simulation accuracy and proper orifice characterization;
the isothermal discharge seems nowadays the best way
to avoid this problem.
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Figure 10: Variation of h from Eichelberg’s simplified
model

6 Limitation of the inverse approach

The main limitation of the inverse methodology is
the difficulty of the measure of the instantaneous
temperature due to thermocouples time response.
Different solutions have been proposed such as the
indirect measure of the temperature by the ’stop

method’, but this method is time costly since each
measured point of temperature requires the stabilisation
of the pressure and of the temperature in the tank. This
method is nevertheless interesting for the identification
of the thermal hypothesis for a type of tank [2].
The NF E49-300 standard [7] is based on slow discharges
(2 to 5 minutes) for which the time response of the
thermocouple can be neglected. But it requires very
large tanks. Moreover the thermocouple location in the
tank [5] can be critical on which temperature is really
measured.
Kagawa [2], and subsequently the japaneese standard [6]
avoid this problem by using an isothermal tank. But the
difficulty is the implementation of this isothermal tank,
its costs and its lifetime (conservation of its isothermal
property in the time with the materials pollution).
A last solution that avoids the measure of the
temperature, relies on either the knowledge of the heat
exchanged for a given tank or the use of an accurate
thermal exchange model. Then, according to our
hypotheses, the inversion problem consists to solve a
single non linear differential equation (12) that gives TV

and to use the output equation (13) for determining the
mass flow rate q

mout:

dTV

dt
=

(γ − 1)TV

γPV V

[

V ·
dPV

dt
+ hconvS(TW − TV )

]

(12)

q
mout = −

V

γrTV

·
dPV

dt
+

(γ − 1)

γrTV

· hconvS(TW − TV )

(13)

Then it is possible to obtain the temperature and the
output mass flow rate only from the tank pressure



measurement. At this state of our research, this
methodology has to be validated in regard with:

• the existence or the identification of a correct
model of the heat exchange term associated to
a given tank, which has necessarly to take into
account the variation of the convection coefficient,

• the repeatability and the precision of the
procedure, firstly using the same experimental
rig but realizing discharges from different initial
pressures, and secondly testing with different
types of orifices.

7 Conclusion

The proposed approach shows that it is possible to
compare different components to each other using the
discharge procedure with a normal tank. The only
condition is that the heat exchanged model must be
well-known. This requires a first precise study of the
tank to be used. It has been done in our case by
an indirect measure of the temperature using the stop
method enabling the heat exchanges to be known by the
resolution of the inverse model.
This study of the heat exchanges in the tank has shown
the necessity of a better knowledge of them and thus
the elaboration of other macroscopic models than the
classically used polytropic ones.
The inverse methodology has to be extended to cases
where it is not possible to make all the restrictions
negligible compared to the orifice to be characterised.
This could also avoid on one hand the oversizing of the
experimental rig used for the discharge method, and
on the other hand the design of specific equipments
(fittings, pressure tubes,. . .).
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ABSTRACT 
 

Aspirating smoke detector uses aspirating fan to draw air from the protected area via a network of the sampling pipes 
and holes, analyses the air and generates warning signals when the concentration of the smoke in the air is over the limit. 
After the analysis from the view of hydrodynamics, the physical and mathematical models are established. By 
programming and calculating, the sampling holes’ flow rate and the transport time in which the air is drawn from the 
sampling holes to the detector are got. If each sampling hole’s flow rate is not balanceable or the longest calculated 
transport time exceed 120 seconds (according to NFPA 72), the diameters of the sampling holes are optimized. The 
calculated results are compared with the experiments, the errors are less than 10%. It is proved that the physical and 
mathematical models can be used practically.  
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NOMENCLATURE 
 

p :    the pressure 
Q :    the flow rate 
v :    the velocity  
A :    the area 
µ  :    flow coefficient  
λ :    frictional resistance coefficient  
ζ :    local resistance coefficient  
 
 
 
 

  

INTRODUCTION 
 

In order to reduce the danger of fire, fire autoalarm is 
required on many occasions. Aspirating smoke detector 
is one kind of fire autoalarm and is invented in the 
1970’s in Australia. Aspirating smoke detector does not 
sense smoke, temperature, flame passively, but aspirate 
and sample smoke actively. This kind of detector can 
quickly and dynamically identify various polymer 
molecule and smoke particle in the air and can give an 
alarm duly. 
Aspirating smoke detector is a system that uses an 
aspirating fan to draw air from the protected area via a 
network of the sampling pipes and sampling holes. It is 



shown in figure 1. The sampled air is then passed 
through a high sensitivity precision detector that analyzes 
the air and generates warning signals when the 
concentration of the smoke in the air is over the limit. 
The network of the sampling pipes and sampling holes is 
the passage of the sampled air. Not only the air near the 
detector but also the air in the whole room which is 
high-speed or quiescent can be analyzed by the 
network.[1,2]

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The network of the sampling pipes and sampling holes is 
regarded as the impedance of the aspirating smoke 
detector and we can analyze it from the point of view of 
hydrodynamics. The air flow rate percentage of every 
sampling hole can be got. Together with the 
characteristic curve of the aspirating smoke detector, the 
sampling holes’ flow rate and the transport time in which 
the air is drawn from the sampling holes to the detector 
are got. [3-5]

 
MATHEMATICAL MODELS 

 
The sketch of the sampling pipe and sampling holes is 
shown in figure 2. Point ‘0’ is a sampling hole in the end 
cap of the sampling pipe and it can make the sensitivity 
of every sampling hole nearly equivalent. Point ‘1’, point 
‘2’ to point ‘n-1’ is sampling hole in the sampling pipe. 
Air is drawn to the detector through them. Point ‘n’ is the 
place where the sampling pipe connects to the detector. 
After the analysis of air’s flow in the whole room and in 
the network of the sampling pipe and sampling holes, the 
physical and mathematical models are established based 
on the continuity equation and Bernoulli equation. 
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Figure 2 The sketch of the sampling pipe and 
sampling holes 

For point ‘0’, the equation is shown as: 
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    Detector p0 is the pressure inside the sampling pipe at point ‘0’, v0 

is the air velocity in the sampling pipe at point ‘0’, ρ is 
air density, p0

’ is the resistance at point ‘0’. 
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For the other sampling holes, the equation is shown as: 
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pi is the pressure inside the sampling pipe at point ‘i’, 
and the differential pressure between the inside and 
outside of the sampling pipe is the reason why air can be 
drawn. pi is:  
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ρµ                   (3) Figure 1 The sampling pipes and sampling holes 

network with an aspirating smoke detector 
 
where µ is flow coefficient, Qi is the air flow rate in the 
sampling hole ‘i’, Ai is the area of the sampling hole ‘i’. 
vi is the air velocity in the sampling pipe at point ‘i’ and 
vi is: 
 

p

li
i A

Q
v =                    (4) 

 
where Qli is the air flow rate inside the sampling pipe 
between the point ‘i’ and point ‘i+1’ and it is the sum of 
the air flow rate Q0, Q1, Q2 to Qi, Ap is the sectional area 
of the sampling pipe. 
pli is the resistance to air inside the sampling pipe 
between the point ‘i’ and point ‘i+1’ and consists of 
frictional resistance py and local resistance pj. 
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where λ is frictional resistance coefficient, l is the pipe 
length, dp is the diameter of sampling pipe, ζ is local 
resistance coefficient. 
From point ‘n-1’ to point ‘n’: 
 



1ln1 －ppp nn +=−                (7) 
 
Provided that the flow rate of the sampling hole in the 
ending cap, Q0, is 1, the flow rates of the sampling holes 
in the sampling holes, Q1 to Qn-1, can be got by equation 
(1), equation (2) and equation (7). The flow rate 
percentage of each sampling hole can be got. 
Based on the theory of hydrodynamics, the characteristic 
equation of the whole network is: 
 

∑ = 2SQp                  (8) 
 
where Σp is the whole resistance of the network, S is the 
impedance of the network and decided by the network, If 
the sampling holes and the sampling pipe in the network 
are the same S is the same. Q is the whole flow rate of 
the network.  
When the detector is connected with the network and 
runs, the pressure which the detector provides will 
compensate the resistance of the network. And here the 
flow rate is the practical flow rate of the whole network 
and the detector. Combined the equation (8) with the 
actual characteristic curve of the detector, the flow rate is 
got. The actual characteristic curve of the detector is got 
by the experiment and is shown in figure 3. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
With the whole flow rate of the network, Q, and the flow 
rate percentage of each sampling hole, each sampling 
hole’s flow rate, Qi, can be got. And by equation (4), the 
air velocity in the sampling pipe can be got. The 
transport time in which the air is drawn from the 
sampling holes to the detector will be calculated. 
If the flow rate in each sampling hole is very different, 
the sensitivity and stress of each sampling hole are not 
balanceable. Then the diameters of the sampling holes 
should be optimized to make the network balanceable. 
Suppose that each sampling hole’s flow rate, Qi, is alike 
and: 
 

n
QQQ ai ==                    (9) 

 
Qa is the average of each sampling hole’s flow rate. The 
area of the sampling hole ‘n-1’, i.e. the area of the 
sampling hole near the detector can be calculated. Then 
the area of the sampling hole ‘i’ ( i=n-2, ... ,1,0) can be 
got. The diameter di of the sampling holes ‘i’ is: 
 

π
i

i
Ad 4

=                    (10) 

 
In order to make the design and installation easy, di 
should be adjusted. The span of value is 2.5mm to 6mm 
and the interval of value is 0.5mm. di equals to the most 
approximate value. The sampling holes’ flow rate and the 
transport time in which the air is drawn from the 
sampling holes to the detector based on the new diameter 
of the sampling holes di are got. The flow rate in each 
sampling hole of the network is the most balanceable in 
this way. 
If the calculated transport time from the end cap of the 
network to the detector exceeds 120 seconds (according 
to the National Fire Protection Association, NFPA 72), 
the diameter should be adjusted. And at the same time, 
the balance of the sampling holes’ flow rate should be 
taken into account. Provided that the diameter of the 
sampling hole in the end cap is the maximum, here the 
diameter is 6mm, and the other sampling holes’ flow rate 
is the same as the flow rate of the sampling hole in the 
end cap, here the flow rate is 1, we can calculate the 
diameter of the sampling hole ‘i’ (i=1,2, ... ,n-1), di. Then 
adjust di. The span of value is 2.5mm to 6mm and the 
interval of value is 0.5mm. di is the most approximate 
value. The sampling holes’ flow rate and the transport 
time in which the air is drawn from the sampling holes to 
the detector based on the new diameter of the sampling 
holes di are got. If the calculated transport time from the 
end cap of the network to the detector still exceeds 120 
seconds, we must change the structure of the network, 
such as the length of the sampling pipe, the number of 
the sampling holes. Figure 3 The actual characteristic curve of the 

detector 
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EXPERIMENTAL STUDY AND RESULTS 
 
Four different suits of networks of the sampling pipes 
and sampling holes are built in a large room. And a set of 
aspirating smoke detector is used. When the smoke nears 
to the end cap the timing begins and when the detector 
generates warning signals the timing ends. The transport 
time is got and compared with the caculated one. 
The sketches and the records of the networks in 
experiment are shown in Table 1. In order to be explicit, 
the experiments are numbered. The comparison of 
transport time is shown in Table 2. The errors of 
transport time between the experiments and the 
calculated are small. 
 



Table 1 The sketches and the records of the networks in experiments 
 

 
No.1 Experiment 

 
 
 
 
 
 
 
Experiment parameter and result: 
The number of the sampling holes: 11. 
The length of the sampling pipe: 48.5m. 
The bend (from the end cap): 11.2m, 15.8m, 

40,7m, 43.7m, 45.7m. 
The space between the sampling holes (from the 
end cap):2.2m, 3.4m, 4.3m, 3.6m, 5.7m, 4.0m, 
     3.6m, 4.2m, 4.0m, 3.6m, 9.9m. 
The diameter of the sampling hole (from the end 
cap): 4mm, 3mm, 3mm, 3mm, 3mm, 3mm, 3mm,

 4mm, 4mm, 3mm, 3mm. 
 

 
No.2 Experiment 

 
 
 
 
 
 
 
Experiment parameter and result: 
The number of the sampling holes: 7. 
The length of the sampling pipe: 39.3m. 
The bend (from the end cap): 26.7m, 35.1m, 

36.5m. 
The space between the sampling holes (from the 
end cap):4.5m, 4m, 4m, 4m, 3.8m, 4.1m, 
     14.9m. 
The diameter of the sampling hole (from the end 
cap): 4mm, 3mm, 3mm, 3mm, 3mm, 3mm, 3mm.

  
 

 
No.3 Experiment 

 
 
 
 
 
 
 
Experiment parameter and result: 
The number of the sampling holes: 11. 
The length of the sampling pipe: 46.05m. 
The bend (from the end cap): 17.2m, 19.2m, 

38.95m, 41.85m, 43.25m. 
The space between the sampling holes (from the 
end cap):2.7m, 3.6m, 3.9m, 4.3m, 3.9 m, 4.3m, 
     4.5m, 4.2m, 1.75m, 3.3m, 9.6m. 
The diameter of the sampling hole (from the end 
cap): 4mm, 3mm, 3mm, 3mm, 3mm, 3mm, 3mm,

 3mm, 3mm, 3mm, 3mm. 
 

 
No.4 Experiment 

 
 
 
 
 
 
 
Experiment parameter and result: 
The number of the sampling holes: 3. 
The length of the sampling pipe: 41.13m. 
The bend (from the end cap): 20.19m, 20.9m.  
The space between the sampling holes (from the 
end cap):4.19m, 32.71m, 4.23m. 
The diameter of the sampling hole (from the end 
cap): 3.5mm, 3.2mm, 3.2mm. 
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    Detector 
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    Detector 
      Sampling Holes 
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Table 2 The comparison of the transport time 

 

Experiment: No. 1 No. 2 No. 3 No. 4 

Transport time (experiment): [s] 77.72 57.97 64.03 77 

Transport time (calculated): [s] 82.3 60.52 66.03 79.25 

Error: [s] 4.58 2.55 2 2.25 

 
 



CONCLUSION 
 
The transport time based on the mathematical models 
accords with the experiment by and large. The choice of 
flow coefficient µ, frictional resistance coefficient λ and 
local resistance coefficient ζ is based on empirical 
formulas and they are simplified while calculating. It is 
the main reason caused the errors of the transport time 
between the calculated and the measured. The errors are 
less than 10% and the precision can be accepted in 
engineering calculation. The mathematical models are 
correct and available. They can be used to forecast the 
transport time of the network and direct the design and 
the installation of the network. 
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ABSTRACT 
 

High servo control response and high energy-efficiency are requested in hydraulic servo systems of current hydraulic 
machines. This investigation concurrently implements energy-saving control and velocity-force control for 
simultaneously realizing high velocity-force control response and high energy-efficiency for hydraulic valve-controlled 
cylinder systems. The velocity-force control of the hydraulic cylinder, including 1st stage of velocity control and 2nd 
stage of force control, can be applied in hydraulic machines, i.e. injection moulding machines. The energy-saving 
control implemented here contains load-sensing control, constant supply pressure control and constant supply power 
control. The concurrent control of energy-saving control and velocity-force control of the hydraulic valve-controlled 
cylinder system becomes a two-input and two-output control problem. For that, an intelligent control strategies using 
fuzzy sliding mode control is developed. The experimental comparisons of the four different systems, including 
velocity-force control with load-sensing control, velocity-force control with constant supply pressure control, 
velocity-force control with constant supply power control and velocity-force control without energy-saving control, are 
implemented for the same velocity-force profile. The minimum consumed powers in each system are compared. The 
feasibility of the concurrent control of energy-saving control and velocity-force control is verified experimentally. 
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Key words, concurrent control, velocity-force control, energy-saving control, fuzzy sliding mode control,  

hydraulic injection moulding machine 
 
 
 

INTRODUCTION 
 
Improving the servo control performance and the 
energy-saving ability is a significant task for today’s 
hydraulic injection moulding machines (HIMM) in face 
of the competition with electromechanical injection 
moulding machines (EIMM) [1].  The velocity control, 
pressure control and phase switching control of the 

HIMM have been discussed and published in general 
terms [1-5]. In the conventional HIMM, the clamping 
force was controlled indirectly by means of the pressure 
control of the clamping cylinder via a servo valve. 
However, direct clamping force control can perform 
more accurate clamping force response. Specific 
research on the clamping FC of the HIMM is still rare. 
Besides, researches on the HIMM are usually 
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concentrated on the improvement of servo control 
performance, and rarely on the improvement of energy 
efficiency. However, the enhancement of energy 
efficiency in HIMM has become very important and a 
decisive factor in competition with the EIMM [1]. The 
study about the integrated control of the velocity control 
(VC) and energy-saving control (ESC) in the HIMM 
was published firstly in the research of Chiang, et al. [3]. 
Chiang et al. [6] discussed the parallel control of path 
control and ESC in hydraulic valve-controlled cylinder 
systems (HVCCS). As the clamping force control only 
requires high pressure but few volume flow such that 
only low power is in demand, and the energy efficiency 
is very low in the conventional HIMM. With the 
inherent lower efficiency, it is expected that the 
integrated control system can make a substantial 
improvement. In this paper, a novel solution is 
implemented for the integrated control of the 
velocity-force control and the energy-saving control for 
simultaneously realizing accurate velocity-force control 
response and high energy efficiency in the HIMM. 

Fig

Today’s HIMMs are mostly fitted with HVCCS, 
therefore the integrated control of velocity-force control 
and energy-saving control in the HVCCS could prove to 
be a significant improvement of the high velocity-force 
control performance and high energy efficiency for the 
HIMM. The conventional HVCCS with a relief valve 
and constant displacement pumps for setting the 
maximum supply pressure, perform good servo control 
response, but have low energy efficiency. For that 
reason, the energy-saving control, such as load-sensing 
control (LSC) and constant supply pressure control 
(CSPC), is introduced to improve the energy efficiency 
in the HVCCS. The LSC enables the supply pressure to 
be adjusted according to the load-sensing pressure of the 
hydraulic actuator thereby achieving the energy-saving 
effects by keeping a constant difference between the 
supply pressure and the load-sensing pressure [3,6,7]. 
Moreover, the integrated control of velocity-force 
control and energy-saving control in HVCSS is more 
complicated than the force control or velocity control 
alone, therefore it is indispensable to develop an 
appropriate controller to provide the excellent 
velocity-force control response as well as high energy 
efficiency for the HIMM. 
 

TEST RIG LAYOUT 
 

Figure 1 schematically depicts the test rig that can be 
divided into a HVCCS and an electro-hydraulic variable 
displacement pump system (EHVDPS). The HVCCS 
works for realizing velocity-force control of the 
injection cylinder of HIMM; the EHVDPS realizes the 
energy-saving control in the HIMM. Therefore, the 
concurrent control system, composed of the 
velocity-force system and the energy-saving control 
system, is a TITO control system. Besides, the 
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P-based control hardware can be realized for real 
ustrial applications. 

jection velocity-force control system 
is system is composed of: (3) an injection cylinder 
stem, (4) a control servo valve and (5) a disturbance 
stem. The injection cylinder system, including a 
ection cylinder, a load cell and two pressure 
nsducers. The velocity and force signals are measured 
 the position sensor and load cell, and fed back to the 
locity-force controller. The pressure from the 
d-sensing valve into the hydraulic cylinder, namely 
 load-sensing pressure pLS, is measured and fed back 
 energy-saving control.  
e disturbance cylinder acts as an equivalent spring for 
ection force control in this study by means of closing 
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where α  is a positive constant that depicts the slope of 
the fuzzy sliding surface ZERO=σ , which is a straight 
line in the phase plane, as shown in Fig. 3(a). Since the 

robustness is inherent in the sliding-mode control, the 
stability and robustness of the conventional fuzzy 
controller can be assured. In addition, it can at the same 
time improve the chattering phenomena which occurs in 
the sliding-mode control. In this study, the sliding 
surface σ  and the control input u are both divided into 
7 sections by the membership function set. Therefore, 
instead of 7 7×  fuzzy rules with control error e and 
error rate  in the conventional fuzzy control, the 
FSMC can reduce the fuzzy rules into 7 rules with the 
fuzzy sliding surface 

e&

σ . The Mamdani method is used 
in the fuzzy inference, and the centroid method is used 
for defuzzification. The block diagram of the FSMC is 
illustrates in Fig. 3(b). The control block diagrams are 
shown in Fig. 4. 

the two solenoid valves. Due to the oil compressibility, 
the chamber oil of disturbance cylinder can act as 
hydraulic springs, as shown in Figure 2 [11].  
Energy-saving control system 
The energy-saving control is implemented by means of 
the EHVDPS that incorporates: (6) a swash plate piston 
pump with variable displacement (load-sensing pump), 
(7) a swash plate control unit, and (8) an AC induced 
motor. The displacement of the swash plate axial piston 
pump is adjusted by the angle of the swash plate, which 
is altered by the swash plate control unit via a small 
HVCCS with position control of the swash plate. 
 
 

CONTROLLER DESIGN 
  

In this study, fuzzy sliding mode control is used for 
decreasing the fuzzy rule numbers. The FSMC is an 
approach that incorporates the fuzzy control with the 
sliding-mode control. In many fuzzy control systems, 
the fuzzy rule base depends on both the control error e 
and the control error rate , which complicates the 
fuzzy inference rules and the membership functions. For 
that reason the FSMC introduces a sliding surface 
function 

e&

σ  to reduce the number of input variables 
and fuzzy inference rules. 
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Figure 3 Fuzzy sliding-mode control  
(a) fuzzy sliding surface σ  
(b) Block diagram of FSMC 
    Figure 4 Block diagrams of the concurrent control systems  

(a)(VC FC + LSC) (b)(VC FC + CSPC) (c)(VC FC- ESC)
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perimental comparison of three different concurrent control systems: (1) velocity-force control with

 control, ∆pset= 2 MPa (0~5sec)、∆pset= 3 MPa (5~15sec) (2) velocity-force control with constant

ure control, pSset= 19 MPa, (3) velocity-force control without energy-saving control, pSmax= 21 MPa
PERIMENTAL RESULTS 

ylinder performs with constant velocity 
or constant feeding of plastic material. 
orce control is performed for moulding 
 the velocity-force control is requested 
 cylinder.  
rrent control of injection velocity-force 
nergy-saving control with FSMC is 
d verified experimentally. At first, the 
the injection velocity-force control are 
ithout energy-saving control using 

C_FC-ESC). After that, two different 
control systems, such as load-sensing 
and constant supply pressure control 
egrated with the velocity-force control, 

i.e. (VC_FC+LSC) and (VC_FC+CSPC).  
The nominal experiment conditions are chosen as: the 
sampling frequency fs=200Hz, the oil temperature 
Toil=30~40 , and the maximum supply pressure ℃
pSmax=21MPa.  
At last, in order to evaluate the energy-saving effects, 
the pump energy consumption of the three concurrent 
control systems, i.e. (1)(VC_FC+LSC), 
(2)(VC_FC+CSPC) and (3)(VC_FC-ESC) are 
compared.  
Figure 5 indicates the experimental comparison of the 
concurrent control for the velocity-force control with set 
velocity Vset=50 mm/sec and set force of Fset=80 KN 
under three different energy-saving control systems, 
namely (1) (VC_FC+LSC), ∆pset= 2 MPa (0~5sec)、
∆pset= 3 MPa (5~15sec) (2) (VC_FC+CSPC), pSset= 19 
MPa, (3) (VC_FC-ESC), pSmax= 21 MPa. As shown in 
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Fig. 5(a), velocity control is performed during 0~5sec 
and can be achieved in all the three systems without 
obvious control performance difference. Figure 5(b) 
shows the force control comparison during 5~15sec. 
The force control performance is almost the same. 
Figure 5(c) shows the supply pressure variation of the 
three systems. The supply pressure of (VC_FC+LSC) 
varies with the load-sensing pressure. The supply 
pressure of  (VC_FC+CSPC) can be controlled to keep 
constant supply pressure 19 MPa; The supply pressure 
of (VC_FC-ESC) almost reach the maximum supply 
pressure pSmax= 21 MPa set by the relief valve. 
Figure 5(d) clarifies the pump supply power of the three 
concurrent control system, which can be computed by  

 

max,

max

ptotal

pS

total

S

volmech

S

mech

P
EM x

xqnPQPQP
⋅

⋅⋅⋅
=

⋅
=

⋅
⋅

==
ηηηηη

PP    (2) 

where  
PEM,: power of electrical motor 

totalη : total efficiency of pump 

mechη : mechanical efficiency of pump 

volη : volumetric efficiency of pump 

Sp : supply pressure 
Q: volume flow of pump 

maxq : max. displacement of pump 
n: rotational speed 

max,px : max. swash plate angle of pump 

px : swash plate angle of pump 
ps and xp are directly measurable by the pressure 
transducer and the position sensor. The constant 
rotational speed in the EHVDPS is at =1760 rpm. 
The total efficiency of the pump can be estimated from 
the pump performance curve supported by the pump 
supplier. The (VC_FC+LSC) system consumes the least 
power. The (VC_FC+CSPC) system performs also with 
energy-saving ability.  

n

 
CONCLUSIONS 

 
This paper develops the new strategy for the concurrent 
control of injection velocity-force control and 
energy-saving control in a hydraulic injection machine. 
The experimental results verify the feasibility of the 
integrated control systems in the HIMM, including 
(VC_FC+LSC) and (VC_FC+CSPC). for 
simultaneously achieving excellent velocity-force 
control performance and high energy efficiency.  
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ABSTRACT 
 

Hydraulic actuation system is typical displacement control system whose performance is subjected to random inputs 
from noise, random disturbance from pump vibration or parameter changes. Through importing the integral item of 
residual error in different rank, this paper establishes the Proportion-Integral Observer (PIO) that can eliminate the 
influence of random input, parameter excursion and inherent disturbance and realize the fault diagnosis robustly. In 
order to reach the high fault coverage and low false alarm, this paper provides twin-threshold and corresponding fault 
decision-making strategy that not only considers the inherent noise existed in the system but also can manifest the fault 
information effectively. Application and simulation of hydraulic actuator system indicates that the adaptive fault 
diagnosis can detect the failure in high precision at the stochastic condition. 
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Fault diagnosis, Proportion integral observer, Twin-threshold, Hydraulic actuation system 

 
 
 

NOMENCLATURE 
 

u : input command  
Kq : flow gain of servo valve 
Tv : time constant of servo valve 
Ey : bulk module of elasticity 
Vt : volume of cavity  
Kc : flow-pressure gain of servo valve   
Ks : rigidity of output pole  
A : available area of piston  
Kb : the gain of displacement sensor 
M : piston mass 
D : damping coefficient of piston 
Xt : piston displacement 
Xp : load output 
F : load force 
G(s): load transfer function  

INTRODUCTION 
 

Hydraulic actuation system is a key component in flight 
control system, which performance and fault diagnosis 
is very important in application. With many nonlinear 
characteristics existed in hydraulic actuation system 
such as load flow of servo valve, friction of mechanical 
structure, fluid compressibility and coupling with 
hydraulic pump, it makes failure mechanism complex 
and failure diagnosis difficult [1].  
Fault diagnosis method based on mathematic modeling 
is to design a diagnostic observer that can describe the 
system performance and detect the failure in certain 
direction with the residual error between actual system 
and observer [2]. However, it is difficult to decoupling 
and determine the failure location actually if some 
random factors exist, for example the modeling error 

100045wang 1/6



and disturbance. So it is necessary to study a robust way 
to separate the failure characteristics from estimated 
information effectively [3]. 
Directing to the disturbance existed in hydraulic 
actuation system, this paper presents the diagnostic 
observer based on PIO, which imports the integral item 
of residual error in observer to be suitable to the 
influence of random input [4]. Considering the inherent 
disturbance existed in hydraulic actuation system, its 
output varies with input signal and outside disturbance, 
so the fixed error threshold is difficult to cover the 
failure effectively. This paper presents an adaptive 
twin-threshold, which consists of fixation and variant 
items and can be adjusted with the input signal and 
disturbance. The simulation and application indicate that 
the adaptive observer based on PIO and twin-threshold 
can diagnose the failures of hydraulic actuation system 
effectively. 

 
ADAPTIVE FAULT OBSERVER DESIGN 

 
Although the normal fault observer is designed to pick 
up fault characteristic from residual error usually, it is 
easy to be get into trouble by some random factors, 
which always produces false alarm or fail to report. In 
order to extract the failure information from residual 
error effectively, PIO is designed to eliminate the 
influence of random input and unknown disturbance. 
PIO Model in One-dimension 
Given the linear time-invariant system: 
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++=
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Where  is state vector;  is system input; 

 is unknown disturbance;  is system 
output; 

nRx∈ pRu ∈
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D  is allocation matrix of unknown input; A, B, 
C is coefficient matrix separately.  
In order to realize the effective fault diagnosis under 
random input, not only the difference between actual 
output and estimation output but also its integral are 
inducted in observer, and construct the PIO as follows. 
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Where x  is the estimation of the state; f  is failure 
vector;  is observer output;  is proportion gain 
of observer;  is integral gain of observer. Define the 
state error vector as: 
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With proper selecting of  and , all the 

eigenvalues of matrix  are at the left 

hand side of the complex plane and the PIO converges 
to the state of plant. So the observer based on PIO can 
approach the hydraulic actuation system even if the 
disturbance exists. 
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If sensor fails, the dynamic model can be expressed as: 
 

⎪
⎩

⎪
⎨

⎧

+=

=
++=

sfFxCy

xCy
DdBuAxx

222

11
            （5） 

 
Where  is failure vector of sensor,  is the 
corresponding fault distribution matrix. Defining 

， the output of PIO can be described as 

, then the failure vector can be 
obtained as  
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If actuator fails, the dynamic system become 
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Where E  is the fault distribution matrix and  is 
failure vector of actuator. Then the residual error can be 
solved from the error differential equation as 

af

      
（8） 

ττ

τττεε

τ

τ

dEfe

ddfDeet

a

t tcKA

t tcKAtcKA

p

pp

)(

)]()([)0()(

0

))((

0

))(()(

∫
∫

−−

−−−

+

−+=

 
Where )0(ε  is original value of estimated error. 
Equation (8) provides the failure direction of actuator. 
If the system is no fault i.e. , then 0=af ε =0. As 
such the estimation  is the estimation of disturbance 

 under proper selection of 
f

d ,p IK K . Otherwise 
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0≠af  if actuator fails, its residual error can be 
described as: 

 
ττε τ dEfet a

t tcKA p )()(
0

))((∫ −−=        (9) 

 
PIO Model in Multiple-dimension 
When unknown disturbance is not constant ， the 
performance of PIO based on one-dimension is not 
satisfied with the requirement of error modification. 
Hence the PIO in multiple-dimension is presented to 
estimate the disturbance signal in multiple dimension. 
For polynomial form of multiple dimension disturbance 
shown as follows: 
 

q
qtatataatd +⋅⋅⋅+++= 2

210)(        （10） 
 

Where  is coefficient of polynomial . ia ),,2,1( qi =
Establish the state space equation under polynomial 
disturbance as follows. 
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Where  is the i)(tdi

th unknown disturbance vector 
whose rank is  , its state can be 

described as 

ir ),,2,1( qi =

)(0 tdd = ， ， ，···，01 dd = 12 dd = 0=qd  
separately.  
On this condition, the all-rank integral items of residual 
error are acceded to observer, and construct the PIO in 
multiple dimension as follows. 
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Where 

)1(]000[ +×=
irnii PD ,  is the 

row vector which include uncertainties, noise and 
unknown input. 

1×∈ n
i RP

iΔ  is the unit matrix shown as follow: 
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With considering the influence of polynomial 
disturbance, all-rank integral items of residual are 
imported in PIO so as to realize the estimation. The 
existence condition of multiple PIO is that ( )CA,  can 
be observed. Its block diagram is expressed in Figure 1. 
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Figure 1  PIO in multiple dimension 
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 It is proved that the dimension of PIO is , 

which increases with the rank of unknown disturbance. 
Due to the function of various integral items, PIO is 
suitable to stochastic system with some noise, unknown 
input and disturbance. 

∑
=

++
q

i
irn

1

)1(

Twin Threshold  
Fault detection and diagnosis are always executed with 
proper threshold that determine the failure coverage and 
false alarm. Considering the inherent noise and 
measurable error existed in control system, it is 
necessary to provide the preliminary threshold that can 
describe its inherent disturbance in normal condition. At 
the same time, the variance due to failures should also be  
represented in threshold. So the single threshold is not 
possible to realize the fault diagnosis effectively under 
random condition. The adaptive twin-threshold include 
two items as follows. 

 
)()()( 10 tTtTtT +=             (14) 

 
Where  is adaptive twin-threshold,  is 
constant part considering inherent disturbance,  is 
time-variant part that describe the fault variety of system. 
The failure can be diagnosed according following 
decision-making strategy: 

)(tT )(0 tT
)(1 tT

(1) If residual error is larger than )()( 10 tTtT + , it 
determines that the system fails to a certainty. 

(2) If residual error is between  and  
, it is doubtful that the failure occurs and 

begin to monitor. After three times, it determines that the 
system fails. Otherwise the system is normal. 

)(0 tT
)()( 10 tTtT +

(3) If residual error is less than  at all the 
time, the system is normal.  

)(0 tT

The twin-threshold is adaptive to the fault diagnosis of 
dynamic system, which has higher fault coverage and 
lower false alarm because the disturbance and fault 
variance are considered in threshold design. Suppose the 
allowable error of component in system is 

niEi ,,2,1, = , its gain is  separately. 
The maximum error of system can be described as 

niRi ,,2,1, =

∑
=

==
n

i
iEET

1
max1

, which is the worst condition.  is 

determined by inherent disturbance. 

)(0 tT

Figure 2 shows the adaptive twin-threshold, in which 
curve 2 is the adaptive twin-threshold of certain detected 
signal )()()( 10 tTtTtT +=  and curve 1 covers the 
variance of inherent disturbance .   )(0 tT

 
 

 
 

Figure 2  Adaptive twin threshold of a certain signal 
 

It is obvious that the twin-threshold can solve the conflict 
between false alarm and fail to report of fault diagnosis 
in great degree so as to improve the robust. In practice, 
the adaptive twin-threshold is difficult to cover all the 
failure absolutely especially to the abnormal point shown 
in Figure 2. For example, the value at 2.8 second is 
greater than twin-threshold whereas the system is normal 
in general. 
 

APPLICATION OF HYDRAULIC  
ACTUATION SYSTEM 

 
PIO Design 
Hydraulic actuation system is a key component that can 
be driven by command to realize the displacement 
control, which consists of displacement sensor, amplifier, 
servo valve and cylinder. Its block diagram is shown in 
Figure 3. 
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Figure 3  The block diagram of hydraulic actuation system 

 
Establish the state space model of hydraulic actuation system as: 
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Adopting the eigenvalue configuration, design the 
Luenberger observer and PIO whose integral gain is 

. If the system is normal with inherent noise 
of square signal with amplitude 10 and period 2s, the 
PIO output can be described as the real line and the 
output of Luenberger observer is shown as broken line in 
Figure 4.  

64.542=IK

It is obvious that the output residual error is less than the 
one of Luenberger observer, so PIO has the better 

performance comparing with the Luenberger observer.  
Figure 5 shows the estimation effect of PIO in multiple 
dimension, in which curve 1 shows the disturbance 
existed in system and curve 2 is the corresponding 
estimation of PIO. It indicates that PIO can approach the 
model of stochastic system effectively.

 
 

                
 

Figure 4 Comparison between PIO and Luenberger observer   Figure 5 Comparison of disturbance and its estimation 
 
If the sensor fails gradually according to the following 
rule: 

⎩
⎨
⎧ ≤≤

=
others

stsb
f s 0

32.1)10/2sin(*2 π         (16) 

Then obtain the output residual of system shown in 
Figure 6, in which the real line is the residual of normal 
system and the broken line is the residual under sensor 
failures. It indicates that PIO can detect the fault sensor 
effectively. 



 
 

Figure 6  The residual under failures 
 
Twin Threshold of Hydraulic Actuation System 
Usually, parameter variable, flow pulse and Gauss noise 
can affect the threshold, so consider the inherent 
disturbance to determine  and accumulate the 
tolerance of all components to determine  shown in 

Figure 2. Select the control period is 10ms and let 
, then obtain the twin threshold in Figure 7, in 

which curve 1 expresses the threshold , curve 2 
denotes the threshold , curve 3 is the residual 
under gradual failure and curve 4 means the median of 

. 

0T

1T

01 10TT =

0T

10 TT +

10 TT +
The corresponding decision-making strategy is shown as 
follows: 

(1) If 10 TT +>ε  , system fails. 
(2) If )(2/1 100 TTT +<< ε  and last for 30 times in 

60 clock period, then the system fails, otherwise the 
system is normal. 

(3) If  1010 )(2/1 TTTT +<<+ ε  and last for 20 
times in 40 clock period, then the system fails, otherwise 
the system is normal. 

(4) If 0T<ε , the system is normal.

 

 
 

Figure 7  Fault diagnosis based on twin-threshold 
 

In Figure 7, the failure occurs at 1.0 second. The residual 
error exceeds  at 1.1 second, and went on until the 
residual error is greater than  at 2.7s. After 
detecting for 30 clock period, PIO determines the gradual 
failure according to the fault diagnosis strategy, and 
remove the fault sensor in 3.0 second, so the system 
recovers to normal condition.   

0T
)(2/1 10 TT +

 
CONCLUSIONS 

 
This paper provides the PIO and twin-threshold to 
hydraulic actuation system so as to improve the 
adaptability in fault diagnosis. Application indicates that 
the performance of PIO is better than the Luenburger 
observer, and twin-threshold not only can detect various 
failures rapidly but also can improve its robusticity. 
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ABSTRACT 

 
Pump dynamic response, the speed in which a pump can build up pressure due to disturbance, system flow demand, is 
one of its most important characteristics. In high performance hydraulic control systems, normally we utilize a fast 
response, but expensive, variable displacement pressure compensated Piston Pump. Inexpensive Vane Pumps cannot be 
used because their very poor dynamic behavior, which is inherent from their construction and principle of operation. In 
this paper we apply Control Theory to analyze and investigate vane pumps and consequently suggest a possible re-
design to improve their dynamic response. Performing stability, disturbance and speed of response analysis reveals that 
pump dynamic behavior is dominated by the parameter ratio Bvf / Ksp (Bvf– viscous coefficient, Ksp– spring constant). 
Upon completion of our study, we carried out a quantitative calculation of those parameters for a specific re-designed 
vane pump. In the re-designed vane pump speed of response was improved by factor of 35 and can now be used in high 
performance hydraulic servo systems, where high bandwidth is required. 
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Vane, Pump, Control, Dynamic, Response 
 
 
 

NOMENCLATURE 
 

M :  Regulating ring mass           (Kg) 
R :  Regulating ring radius            (m) 
Bvf :  Viscous coefficient          (N / rad / sec) 
Ksp :  Spring constant       (N / m) 
Kpv :  Pressure coefficient     (N / bar) 
Ke :  Flow coefficient         (lpm / rpm / m) 
K1k :  Leakage coefficient   (lpm / bar) 
N :  Pump speed of rotation           (rpm) 

 
δ : Ring – Plate clearance          (m) 

ξ : Pump damping ratio       dimension-less 
ωn :  Pump natural frequency   (rad / sec) 
Pop  :  Operating pressure           (bar) 
Pdp :  Desired / Set pressure           (bar) 
Qp :  System flow demand    (lit / min) 
Cc :  Oil compliance     (lit / bar) 



 

 

INTRODUCTION 
 
The introduction of the variable displacement vane 
pump dynamic model is a significant contribution to the 
field of hydraulic pumps. It enabled the control of pump 
performance characteristics via theoretical trade offs 
during the design process. We studied and analyzed this 
model relating to the Bvf / Ksp ratio, found the lower 
and upper limits of the spring constant Ksp and defined 
best possible value for viscous friction Bvf, for a faster 
pump. The study included building of the necessary 
block diagrams, derivation of the relevant transfer 
functions in S domain and applying Routh Criteria, 
Steady State and Dynamic analyses.  

The results of the study of pump parameters, related to a 
specific pump, are as follows: 

•  Bvf has been decreased significantly   
  Bvf new = 1 / 20 Bvf old 

•  Ksp has been increased  (stiffer spring)       
  Ksp new = 1.75 Ksp old 
 
The newly designed pump shall have the following  
parameters, which dominate dynamic response: 

Bvf  / Ksp new = 1 / 35 Bvf  / Ksp old 
 
The numerical values are a result of the re-design of the 
specific vane pump used in a previous research, which 
also contributed the pump nonlinear block diagram. 
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Figure 1:  Pump nonlinear block diagram 
 

STABILITY AND DISTURBANCE ANALYSIS 
 
In order to study pump stability, we shall perform a 
linearized analysis of pump parameters neglecting the 
nonlinearities of the previous block diagram. The pump 
Pop/Pdp(s) transfer function derived from the linearized 
block diagram has the form ( see figure no. 2 ): 
 

KvpNKeK1k)Ksp)(CcSBvfS(MS

KpvNKe

Pdp

Pop
2 ++++

=    ( 1 )  

 
which we shall put also in the standard form and apply 
Routh Stability Criterion for stability analysis. 

Pump regulating operation is a feedback system, with 
the following linearized block diagram: 
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Figure 2: Pump linear block diagram with Pdp input 



 

 

Pop / Pdp(s) in the standard form, equation no. (2): 
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From the Routh Criterion we obtain the condition for 
stability, i.e. the constraint on spring constant Ksp: 
 
 ( Bvf Cc + M K1k ) ( Bvf K1k + Ksp Cc ) –  
- M Cc ( Kpv N Ke + Ksp K1k ) > 0               (3) 
 
since Bvf Cc2 # 0, we solve for Ksp in equation no.(3) 
to get the following condition, equation no. (4): 

2

22

Cc Bvf

K1k Bvf MK1k Cc Bvf  - Ke N Kpv Cc M
  Ksp

−
〉  

 
This mathematical condition provides the relationship 
between the spring constant Ksp and the other pump 
parameters, for a stable pressure compensated pump. 
From the equation, maximum pump natural frequency 
can be obtained, dividing by Bvf Cc2 and neglecting the 
elements with minus sign to get the Ksp / M ratio: 
 

Ksp / M  = ωn2  > Kpv N Ke / Bvf Cc   and from here: 

ωn max = ( Kpv N Ke / Bvf Cc ) 
½

               (5) 
 
Let us turn now to the pump  Steady State analysis. 
The steady state gain, from equation no. 2: 
 
Gss = Kpv N Ke / ( Kpv N Ke + Ksp K1k )              (6) 
or 
Gss =  1 / [ 1 + (Ksp K1k / Kpv N Ke) ]              (7)  
 
Since K1k, Kpv, N, Ke are given for a specific pump, 
steady state gain is inversely proportional to Ksp (spring 
constant) i.e. Gss α 1 / Ksp. Softer spring means higher 
steady state gain and better pump pressure regulation. 
Dynamic point of view, however, indicates opposite 
requirement namely a stiffer spring, because too soft a 
spring (equation no. 4) will cause system instability. 
The conclusion is that the spring constant has to be large 
enough to ensure stability, and small enough to have a 
good pressure regulation, a tradeoff must be performed. 
Another useful transfer function is pump pressure / 
disturbance. When a pressure compensated pump is 
operating under normal conditions, the desired input 

Pdp the (desired / set pressure) is usually kept constant. 
Pump dynamics is exercised by “disturbing” Qp flow 
demand of the system supplied by the pump.  
The relevant linear block diagram with Qp as input: 
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Figure 3: Pump linear block diagram with Qp input 
 
The transfer function Pop / Qp (s) is obtained from the 
block diagram, equation no. (8): 
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Or in its standard form, equation no. (9):  
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where  ωn2  = Ksp / M is pump natural frequency, and 
2 ξ / ωn =  Bvf / Ksp is viscous damping ration. 
Routh Criterion, is identical to previous study of Pop / 
Pdp (s), so no additional information can be obtained. 
The steady state gain Gss = - 1 / (KpvNKe/ Ksp + K1k) 
is directly proportional to Ksp, or Gss = α Ksp since  
again K1k, Kpv, N, Ke are given for a specific pump. 
From disturbance considerations a softer spring gives 
smaller pressure changes, on the other hand will cause 
to instability, so we see again trade off is necessary. 
 

DYNAMIC RESPONSE ANALYSIS 
 
Having applied Routh Criteria and performed stability 
and disturbance analysis we found the constraints on the 
spring constant Ksp, and realized that there must be a 
tradeoff between soft spring for better pump regulation 
and smaller disturbances, and stiff spring for stability. 
We now turn to the analysis and investigation of the 
other parameter of importance Bvf, the viscous friction 
coefficient, in order to find ways for its improvement. 



 

 

           
 

Figure 4: Typical variable displacement vane pump 
 
Again, by quick pump response we mean “fast” 
pressure build up due to system flow demand Qp (flow 
disturbance). For a given operating point pump dynamic 
behavior is defined by the values of M, Bvf and Ksp, 
dominated by the ratio Bvf / Ksp,. For a typical pump 
Bvf / Ksp is in the range of 10 – 2 (Bvf / Ksp = 0.05), and 
the ratio M / Ksp =1 / ωn 2  in the range of 10 – 6 (ωn = 
1068 rad / sec), the other parameters being constant. 
Pump Pop / Qp (s) transfer function can therefore by 
simplified to a second order system in the denominator, 
and a first order system with a time constant Bvf / Ksp 
in the nominator, equation no. (10). 
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This transfer function is usually used in the literature as 
the mathematical model for  pump dynamic behavior. 
For a fast dynamic response the nominator time constant 
Bvf / Ksp has to be small, i.e. Bvf small and Ksp large. 

 INVESTIGATION OF THE Bvf  PARAMETER 
 
We assume that the Kpv, N, Ke, Cc, K1k parameters are 
not controllable by the designer, and  we can’t choose a 
stiff spring constant Ksp, due to stability constraints. 
The Bvf parameter is a function of the oil viscosity, ring 
clearances and leakage patterns. Smaller Bvf can be 
obtained by increasing clearances, however this would 
decrease volumetric efficiency and increase energy 
losses. We shall concentrate now on minimizing Bvf. 
    B vf  =  µ  l  h  /  δ        (11 )  
It is directly proportional to gap / friction surface, (l x h) 
and inversely to gap clearance δ, therefore to get smaller 
Bvf we need bigger gap clearances and less ring friction 
The flow between the plates, leakage in our case, 
       Q leak  =  [ (  h  δ 3  )  /  (  12  µ  l  ) ]  ∆p    ( 12 )  
Is directly proportional to the pump pressure drop ∆p 
and sensitive to clearance δ3, meaning bigger gap higher 
leakage. On the other hand we need bigger gaps for 
smaller Bvf, definitely contradicting requirements. 
Refering to pump construction to define the parameters 
in Qleak and Bvf equations, let us look at pump cross 
section in figure 5. Ring is “pressed” between two plates 



 

 

which seal the pumping chambers. Leakage Qleak is 
proportional to pressure drop ∆p between Delivery port 
(High pressure) to Suction port (Low pressure). 

R

l

Plate
t 

Plate 

h 

Ring

Suction Port 
Low pressure

Delivery port 
High pressure

Rotor

Vane

 
 

Figure 5: Pump ring – rotor configuration 
 
Explanation of parameters l, h, δ : dimensions h~π R and 
l = t, in Bvf parameter, friction surface h x l  = 4 π R l. 
The conclusion is that Bvf is large because the friction 
surface 4 π R l is large and gap is small (~ zero), since 
as mentioned earlier ring is “pressed” between  plates, 
an inherent construction in vane pumps. 

THE NEW  PUMP DESIGN 
 
Having performed qualitative and quantitave analyses of 
parameters Bvf and Ksp, affecting pump speed of 
response, we came to the following conclusions: 
1. – The spring constant Ksp is defined by regulating 
accuracy requirements and stability constraints, result of 
a trade-off process to reach its final numerical value. 
2. – Parameter Bvf which depends on pump physical 
parameters B v f  =µ lh /δ , can be controlled by designer, 
and can be modified by re-designing the pump. 
We suggest the following re-design procedure: 
1. – Substantially increase the clearance δ, and decrease 
ring friction surface h x l (4 π R l), obtaining a much, 
much smaller Bvf parameter. 
2.  – Eliminating the pressure drop ∆p across the ring, 
thus eliminating (minimizing) leakage Qleak. 
3.  – Utilization of a piston to balance the pressure 
setting spring and doing so obtain higher flexibility in 
choosing the spring constant Ksp. 
The following figure shows the new pump regulating 
ring, the balancing piston, and the two pressure 
equalizing chambers Pi and Po. 
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Figure 6: The “new pump”  with the re-designed ring 



 

 

The pressure equalizing chambers Pi and Po eliminate 
Qleak which is now limited across the two dividing 
blades, in the slots close to the spring and to the piston. 
Blades and ring are manufactured in one piece. 
Rotor, vanes and dividing blades have the same width H 
and ring width is h = H – 2δ. Clearance δ is now large, 
enables oil to enter both sides of the ring to be pressure 
balanced (∆p = 0 and Qleak = 0). Side force is balanced 
by the thrust screw, so dividing blades can move freely 
in their slots. Since the ring is pressure balanced, the 
regulating force is zero, vertical regulation is provided 
by the newly designed piston actuated by the differential 
pressure Po – Pi. Parameter Kpv is replaced now by the 
piston area Ap which can be designed at will. 
Before we conclude the paper with a quantitative 
evaluation of an improved pump under the new 
conditions, let us summarize what are the achievements 
of our study and the concurrent re-design. 
1 – Ring is pressure balanced ∆p =0, in both, high and 
low pressure chambers. The only forces on the ring are  
spring and piston, so it is designed with smaller 
thickness (5 mm not 9.5 mm) and smaller mass M. 
2 – No case drain leakage Qleak ~ 0 (or close to zero). 
Almost no leakage means energy saving and overall 
higher pump efficiency. The leakage across the dividing 
blades is negligible, parameter K1k is negligible. 
3 – Regulating method is now based on piston force  
Ap* (Po–Pi) balancing the spring force Fs + Fd. We can 
control regulating force by varying the area Ap, which 
enables enormous flexibility in choosing spring Ksp. 
4 – Finally, we decrease substantially the friction area 
between the ring and the plates ( h * l ) at least by an 
order of magnitude, and control the gap δ, so the friction 
coefficient Bvf = µ l h / δ is decreased significantly. 
 

SUMMARY OF RESULTS 
We shall summarize now the concluding results of our 
study / investigation relating to a specific pump with the 
following parameters, see figure 7. 
§ δ  ne w =  2  x  δ  o ld     

 or greater, depending on the oil viscosity 
§ Bvf new = 1 / 20 Bvf old  
 after substituting the new parameters 
§ M new = 1 / 2.3 M old    

smaller ring mass due to new design  
§ Gss = - 1 / [K1k + N Ke ( Kpv / Ksp)]  

Steady state gain which was dominated by the 
ratio Kpv / Ksp is now controlled by Ap / Ksp.  

§ Ksp old  = 30 N / bar  
obtained from accuracy / stability considerations 

§ Ksp new = 1.75 Ksp old 
§ D = 25mm  (A=490 mm2 ) Piston of 

diameter (Area) 

 

  F=Friction area with plate 

  δ = Equalizing clearance 

Ro tor

P la te  

P la te  

δ 

H  (w i d t h )  

F F

FF

 
 

Figure 7: The new ring 
 
The new design gives the designer an additional degree 
of freedom and grate flexibility to control pump speed 
of response without effecting accuracy and disturbance 
resistance. The final result of our study and re-design in 
Bvf / Ksp ratio is a tremendous improvement in pump 
dynamic response (band width) ! 

Bvf / Ksp new = 1/35 Bvf / Ksp old 
 

CONCLUSIONS AND FURTHER STUDY 
 
•  The paper describes the application of control theory, 
analysis, evaluation and improvement of vane pump 
based on a Dynamic Model provided in the literature. 
•  The analysis concluded in the pump re-design, several 
of its important parameters, and in significant improved 
pump dynamic behavior (fast speed of response). 
•  In order to validate the results, a prototype has to be 
built and tested to study the actual pump behavior. 
•  The improved high bandwidth vane pump could now 
be utilized in high performance hydraulic servo systems. 
•  The new pump could  be a part of  the new generation 
hydraulics- Integrated Hydraulic System (pump, control 
servo-valve, actuator, sensors  integrated in one unit). 
•  The governing  mathematical model, the algorithms 
defining pump behavior, should be implemented in 
software and computer analyzed for optimization.  
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ABSTRACT 
 

This paper deals with online parameter estimation of an electrohydraulic servo (EHS) system and with robust control of 
the EHS system utilizing the parameter estimated online. In this study, the natural frequency of the EHS system is 
estimated using pressure sensors based on the equation of motion and equation of continuity, and the estimate of the 
natural frequency is utilized to enhance the robustness of the EHS system combined with a parallel feed-forward 
compensator (PFC). The optimal value of one of the PFC parameters is strongly influenced by the natural frequency of 
the EHS system and is adaptively varied using the estimate of the natural frequency. It is shown that the natural 
frequency of the EHS system can be estimated relatively accurately using the method proposed, and that the robustness 
of the EHS system to the plant parameter variations can be enhanced by adapting the PFC parameter. 
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NOMENCLATURE 
 

Ai : piston area (i=1,2) 
Be ; effective bulk modulus of fluid 
ey : error (= yp - ym) 
FL : external force plus frictional force of cylinder 
Je : evaluation function 
K : gain of EHS system 
ke : proportional gain 
m :  load mass 
pi : pressure (i=1,2) 
ps : supply pressure 
qi : flow rate (i=1,2) 
r : reference input 
s : Laplace variable or differential operator 

t : time 
up : control input (servo current) 
Vi : volume of fluid under compression (i=1,2) 
v : piston velocity 
xs : spool displacement 
ya : output of augmented plant 
ym : output of reference model 
yf : output of PFC 
yp : piston displacement 
α : PFC parameter 
β : PFC parameter 
ζ : damping ratio of EHS system 
λh : break frequency of highpass filter 
λl : break frequency of lowpass filter 
ωn : natural angular frequency of EHS system 



 
INTRODUCTION 

 
An electrohydraulic servo (EHS) system usually suffers 
from parametric variations and disturbances. When the 
magnitudes of the parametric variations and/or the 
disturbances are large, the control performance of the 
EHS system degrades to some or a great degree even in 
the case where a robust control scheme such as sliding 
mode control or H infinity control is used. In such a 
case, an adaptive algorithm needs to be incorporated. 
This paper treats an online estimation of the natural 
frequency of the EHS system, which is the most 
important of the linearization parameters, as well as the 
update of the controller parameters using the estimate of 
the natural frequency. 
Simple adaptive control (SAC) theory is considered to 
be one of the most promising control theories due to its 
simple structure and high robustness [1-3]. In order for 
the SAC scheme to be applied, a plant must be almost 
strictly positive real (ASPR). Most plants including 
EHS systems, however, do not satisfy the ASPR 
condition. In such a case, a feedforward compensator is 
added in parallel with the plant, and the compensator is 
called the parallel feedforward compensator (PFC). The 
PFC is added in order for the augmented plant, which is 
the parallel combination of the plant and the PFC, to 
satisfy the ASPR conditions [1].  
Some methods to determine the structure of the PFC 
have so far been proposed [1], but no clear method to 
determine the parameters included in the PFC has been 
proposed to date. Because of this, the PFC parameters 
are usually determined by trial and error. The PFC 
parameters have a strong influence on both the ASPR 
conditions and the response characteristic of the plant 
output. In addition, the optimal values of the PFC 
parameters are strongly dependent on the plant 
parameters. Therefore, the control performance may 
degrade when the plant parameters are largely varied, 
even though the ASPR conditions are maintained. 
This investigation aims at developing a robust controller 
by which a good performance is always attained even 
under large variations of the EHS system’s parameters. 
In this paper, a method to tune the PFC parameters 
online, which is based on the value of the natural 
frequency of the EHS system estimated online, is 
proposed and the usefulness of the scheme is examined. 
The organization of the paper is as follows. First, the 
EHS system used is described, Second, the structure of 
the PFC used and the ASPR conditions of the 
augmented plant are given. Third, the selection criterion 
of the PFC parameters is proposed. Fourth, the online 
estimation algorithm of the natural frequency of the 
EHS system is presented. Fifth, the simulation and 
experimental results are given. Finally, the conclusion is 
described.  
 

 
CONTRL SYSTEM HARDWEAR 

 
In this paper, the position control of an EHS system is 
treated. Figure 1 shows a schematic of the EHS system 
for position control. The stroke, the internal diameter 
and the piston rod diameter of the hydraulic cylinder are 
0.2m, 0.032m and 0.018m, respectively. The rated flow 
rate, pressure and current of the servo valve are 
7.5 × 10-4 m3/s, 14MPa and 0.03A, respectively. The 
reference input, r, which is supplied by a function 
generator, and the outputs of a potentiometer and 
pressure sensors are read into a computer through a 12 
bit analogue-to-digital (A/D) converter. The control 
input is calculated by the computer according to a 
control scheme and supplied to a servo-amplifier 
through a 12 bit digital-to-analogue (D/A) converter. 
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Figure 1 Schematic of position control EHS system 
 
 

PFC AND ASPR CONDITION 
 

By approximating the asymmetric cylinder as a 
symmetric one and by neglecting the dynamics of the 
servo valve, the transfer function of the EHS system can 
be given by 
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where pY  and pU  are the Laplace transforms of the 
plant output (position), py , and the control input (servo 
current), pu , respectively.  
A PFC is added to the plant as shown in Fig.2. The 
transfer function of the PFC can be given by the 
following equation [4]: 
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The augmented plant is given by += )()( sGsG pa  



)(sGpfc . The ASPR conditions for an SISO system are 
given by the following [5]: 
C1) The relative degree is 0 or 1． 
C2) The coefficient of the highest-order term in the 

numerator polynomial is positive. 
C3) The system is minimum phase. 
The above conditions C1 and C2 can be easily satisfied 
by selecting the PFC as given by Eq.(2) with 0>β . 
By applying the Hurwitz’s stability criterion to the 
numerator polynomial of the augmented plant, ( )sGa , it 
can be seen that the condition C3 holds if the PFC 
parameters are selected to satisfy the following 
inequality: 
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Figure 2 Augmented plant 
 
 
Equation (3) shows that whether the augmented plant is 
ASPR or not is determined by three dimensionless 
parameters: nωα , Kβ  and ζ . Substituting 
variable values into the three dimensionless parameters 
and calculating Eq.(3) yield the boundary surface 
between the ASPR and non-ASPR regions as shown in 
Fig.3. As can be seen from Fig.3, taking into account the 
fact that the value of ζ  is seldom less than 0.1 for 
EHS systems, the augmented plant becomes ASPR 
when the value of nωα  is in the range 20 ≤< nωα . 
In addition, the ASPR region widens with increasing ζ , 
and the value of Kβ  does not have a great influence 
on the ASPR condition. Therefore, if the value of 

nωα  can be kept in the range 20 ≤< nωα  even 
under a large variation of nω , it is possible for the 
augmented plant to be ASPR.  
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Figure 3 Boundary surface between ASPR and 
non-ASPR regions 

 
 

SELECTION CRITERION OF PFC 
PARAMETERS 

 
Even if the augmented plant is ASPR, the response of 
the plant may be oscillatory or slow. In order to find out 
the optimal values of nωα  and Kβ , the tracking 
performance was examined in simulation using the 
feedback system shown in Fig.4 under the variable 
conditions of the plant and PFC parameters. The 
simulation was conducted using MATLAB/Simulink. 
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Figure 4 Evaluation system of tracking performance 
 

 
A rectangular reference input whose value and 
frequency are 0.10 05.0± m and 0.3 Hz was used. The 
tracking performance was evaluated by the following 
function: 
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where tf stands for half of the period of the rectangular 
input. 



Figures 5 and 6 show examples of the simulation results. 
Though not clearly seen from Figs.5 and 6, the 
simulations have shown the following: 
R1) The range of nωα  where the evaluation function 

becomes minimum is hardly changed by the values 
of the plant parameters and β, and is 31 ≤≤ nωα . 

R2) The range of Kβ  where the evaluation function 
becomes minimum is affected by the values of ζ  
and α and hardly affected by the other parameters. 

 

 
 

Figure 5 Je vs. dimensionless PFC parameters 
(effect of nω ) 

 
 

 
 

Figure 6 Je vs. dimensionless PFC parameters 
(effect of ζ ) 

 
 
Taking these results and the results regarding the ASPR 
conditions given in the previous section, a method to 
determine the PFC parameters is proposed as follows: 
P1) For the parameter α, an arbitrary value in the range 

of 21 ≤≤ nωα  is selected, e.g., nωα 5.1= . In the 
control scheme proposed in this paper, the value of 
α  is varied according to the variation of nω . 

P2) For the parameter β, a constant value is used. The 
value is determined by trial and error in order that a 
good response is obtained under the condition of the 

maximum K and the minimum ζ . 
 

ESTIMATION OF NATURAL FREQUENCY 
 
A theoretical expression of the natural angular 
frequency of the EHS system shown in Fig.1 can be 
give by 
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The values of the piston areas are known and those of 
the volumes in the cylinder can be known by measuring 
the piston position. Therefore, if the values of the load 
mass and effective bulk modulus of fluid can be 
obtained, the value of the natural frequency can be 
calculated. In this paper, the values of the mass and 
effective bulk modulus are estimated online separately 
using the equation of motion and equation of continuity, 
respectively. 
The equation of motion of the system shown in Fig.1 is 
written by 
 

 LFApAp
dt
dvm −−= 2211        (7) 

 
Multiplying both sides of Eq.(7) by )(1 ls λ+  (a first- 
order lowpass filter) and )( hss λ+  (a first-order 
highpass filter, lh λλ << ) yields 
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In the derivation of Eq.(8), an assumption 0≈= LL FsF &  
was introduced. The velocity, v, is estimated by a 
Kalman filter and the pressures, p1 and p2, are measured 
by pressure sensors. 
By letting the estimate of m be m̂ , the prediction error 

mε  is defined as 
 

)(ˆ 2211 pApAm mm ′−′−= ϕε         (10) 
 

vv lhm ′−= λϕ            (11) 
  
Using the weighted least-squares method, a parameter 
update law is derived, which is given in discrete form 
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where λ  is the weight and  
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The equations of continuity are described by 
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Likewise, multiplying both sides of Eqs.(14), (15) by 

)(1 ls λ+  and substituting the estimate, eB̂ , for eB  
yield the following prediction error:  
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where the subscript l indicates the lowpass filtered 
variables. The values of the flow rates, q1 and q2, are 
calculated using the nonlinear flow rate characteristic 
equations of the servo valve; the spool displacement is 
estimated by assuming the spool dynamics as the 
first-order system. A parameter update law for eB̂  
similar to Eqs.(12),(13) is obtained. 
By substituting m̂  and eB̂  for m and eB  in Eq.(6), 
the estimate, nω̂ , of nω  can be calculated. 

 
RESULTS 

 
In this investigation, in order to make clear the effect of 
the online tuning of the PFC parameter, a simple 
proportional control with a variable gain shown in Fig.7 
was used. The block written as Estimator includes the 
algorithm to estimate the natural frequency. The PFC 
parameter α was adaptively varied according to the 
variation of the value of the natural frequency; the 
adaptive rule was nωα ˆ2= . Another parameter β was 
kept at a constant value determined offline in advance. 
The proportional gain was generated according to the 
following adaptive rule with a constant weight, γ : 

 )()( 0 tektk aee γ+=           (18) 
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Figure 7 Block diagram of control system 
 
 

3 3.5 4 4.5 5 5.5
0.05

0.10

0.15

y p
 [m

]

3 3.5 4 4.5 5 5.5
0.05

0.10

0.05

y p
 [m

]

3 3.5 4 4.5 5 5.5
0.05

0.10

0.15

y p
 [m

]

t [sec]

yp
ym

r
n = 115[rad/s]

n = 67[rad/s]

n = 58[rad/s]

 
 

Figure 8 Simulation results under constant α 
(conditions: nωα ˆ2= , (fixed) rad/s 115ˆ =nω , 52.0=β ) 

 
 
Figure 8 shows simulation results obtained under the 
condition that the PFC parameter α was kept at a certain 
value. When the natural frequency of the EHS system is 
identical to the design value (115 rad/s, upper figure), 
the response is good. In case where the natural 
frequency is decreased to 67 rad/s (middle figure) due to 
the increase of the load mass and/or the decrease of the 
stiffness of the fluid, the response is deteriorated to 
some degree but not bad. In this case, the real value of 

nωα is 3.4. However, a further decrease in the natural 
frequency to 58 rad/s, which leads to the increase in 

nωα to 4.0, causes an oscillatory motion (lower figure). 
As can be seen from Fig.8, the control performance may 
be deteriorated under a constant α when the variation of 
the plant parameters is large. 
Figure 9 shows a simulation result obtained when the 
estimation of the natural frequency and the adaptation of 
the parameter α were made. Before 5=t sec, the 



parameter α is fixed at a constant value (230rad/s) 
designed using the value of the natural frequency 
initially estimated (115rad/s). In the same manner as the 
lower figure in Fig.8, an oscillatory motion takes place. 
At the instant the estimation of the natural frequency 
and the adaptation of α accompanying it start at 

5=t sec, the response becomes smooth. This is because, 
as can be seen from the lower figure in Fig.9, the natural 
frequency can be quickly estimated in a relatively good 
accuracy. The usefulness of the control scheme 
proposed has been demonstrated by simulation. 
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Figure 9 Simulation result under adaptiveα  
(conditions: nωα ˆ2= . nω̂ is estimated online. 52.0=β . 
Initial value of nω used for PFC design is 115rad/s. Real 
value of =nω 58rad/s. Estimation of nω and adaptation of 
α start at t =5sec.) 

 
 

An experimental result is shown in Fig.10. The 
experimental conditions are almost the same as those in 
the simulation shown in Fig.9, except for the initial 
value of the natural frequency of the EHS system. The 
dashed and dash-dot lines in the lower figure in Fig.10 
show the values of the natural frequency estimated 
offline by two methods: the least-squares method using 
the ARX model and the self-excited vibration method 
[6]. The results obtained by the two estimation methods 
are roughly identical and the mean value (60rad/s) of 
the two can be regarded as the true natural frequency. 
The response is very steep in the vicinity of the 
reference input ( m15.0== ry p ) before the adaptation 
of α begins at 5=t sec. However, after the beginning 
of the adaptation of α at 5=t sec, the response 
becomes smooth near both at m15.0== ry p and at 
0.05m. The estimation of the natural frequency is made 
relatively quickly and accurately, though not so fast 
compared to the simulation shown in Fig.9. The 
usefulness of the control scheme proposed has been 
demonstrated also by experiment. 
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Figure 10 Experimental result under adaptiveα  
(conditions: nωα ˆ2= . nω̂ is estimated online. 2.4=β . 
Initial value of nω used for PFC design is 90rad/s. Real 
value of ≈nω 60rad/s. Estimation of nω and adaptation of 
α start at t =5sec.) 
 
 

CONCLUSION 
 

In this paper, a criterion to determine the values of the 
PFC parameters, an online estimation method of the 
natural frequency of an EHS system and an adaptive, 
robust control scheme with the PFC have been proposed. 
It has been shown that the natural angular frequency can 
be estimated online in a relatively good accuracy by the 
method proposed, and that the control performance of 
the EHS system can be enhanced by adaptively 
changing a PFC parameter according to the variation of 
the natural frequency.  
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ABSTRACT 
 
In this paper, the position/pressure control of a hydraulic cylinder using a hydraulic transformer is studied. A hydraulic 
transformer based on FFC pump/motor is used as a control component to drive the cylinder with a load horizontally. 
The two-degree-of-freedom (2DOF) design technique is applied to obtain the positioning controller with tracking 
performance and robustness for uncertainties while the structure of pressure controller is given by internal model 
principle to compensate stepwise disturbance. With these controllers the nonlinear friction torque, the leakage of the 
transformer and the load force acting on the cylinder can be compensated and the experimental results show that the 
sufficient accuracy of position and pressure are obtained. 
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NOMENCLATURE 

 

A  : area of cylinder piston [m2] 

cB  : viscous damping coefficient of cylinder [kg/s] 

htB  : 
viscous damping coefficient of transformer 

 [kg·m2/s] 

D : displacement [cc/rev] 

J  : moment of inertia [kg·m2] 

leq : leakage flow [m3/s] 

LF : load force [N] 

m : mass of load and piston [kg] 

p  : pressure [MPa] 



sp  : pressure of constant pressure source [MPa] 

1rp  : desired pressure of load [MPa] 

q  : flow [m3/s] 

T  : torque [N·m] 

fT  : nonlinear friction torque [N·m] 

y  : cylinder displacement [mm] 

ry  : Desired cylinder piston position[m] 

ω  : rotational speed [rad/s] 

k  : rate of spring [N/mm] 

l  : Initial distance from rod to spring[mm] 
 
Subscripts 

1 : cylinder head chamber 
2 : cylinder rod chamber 

A  : variable unit of transformer 
B  : fixed unit of transformer 
y  : velocity controller 
p  : pressure controller 

 
 

INTRODUCTION 
 
The importance of energy saving in hydraulic power 
transmission system is increasing. Since the valve 
control strategy of hydraulic cylinder drive systems has 
relatively larger pressure loss, especially for large 
cylinders, a hydraulic cylinder drive with hydraulic 
transformer has been developed. The circuit consists of 
constant pressure power source, transformer and cylinder, 
as shown in Figure 1. The hydraulic transformer is 
constructed by combining a fixed displacement 
pump/motor and a variable displacement one which are 
connected by a driving shaft. The power is transmitted 
from the transformer to the cylinder without controlling 
the valve. The major advantage is that energy can be 
recovered and stored in accumulator in the common 
pressure line when the cylinder is being retracted under 
load [1]-[3]. The hydraulic transformer used in this paper 
consists of two FFC pump/motor. The Fluid Force 
Couple (FFC) pump/motor has high efficiency in wide 
operating range [4], [5]. 
In this research, we consider a design of robust 
positioning/pressure controller of hydraulic cylinder with 
transformer. Disturbances, e.g. nonlinear friction torque, 
leakage flow of transformer and load force, affect the 
performance of the positioning/pressure controller. These 
effects can not be compensated only by feedforward 
controller because it is difficult to describe them 
mathematically in detail a priori. Moreover, to 

accommodate some uncertainties on physical parameters, 
the feedback loop design is also used. Therefore in this 
paper, the 2DOF controller design method is introduced 
for positioning control, not only to compensate 
disturbance and parameter uncertainty but also to ensure 
the tracking performance for given drive pattern. 2 DOF 
method is now widely used in mechanical system control 
[6]-[9] and with is able to specify the performance 
quantitatively by adjusting controller parameters. And in 
pressure control, we design the controller via internal 
model principle to decide the structure. The cylinder is 
set horizontally and the load spring simulates a work in 
pressing machine. The proposed controllers are 
examined in experiment and evaluate its performance.  
 
EXPERIMETAL DEVICE AND DRIVE PATTERN  

 
Experimental device  
The schematic diagram of the experimental system used 
in this research is shown in Figure 1. The transformer is 
connected to the head side of hydraulic cylinder. In this 
research the rod side of a cylinder is connected to the 
constant pressure system to realize heavy load. The 
cylinder displacement y and displacement of transformer 
DA, the rotational speed of transformer ω  and pressure 
in cylinder head chamber p1 are taken into a controller. 
The displacement of variable pump/motor is DAmax 
=48.9[cc/rev] and the displacement of fixed pump/motor 
is DB=19.6[cc/rev]. The diameter of hydraulic cylinder is 
50[mm]. The rate of spring is k=362.6[N/mm]. The 
Initial distance from rod to spring l =157[mm]. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 The experimental setup 
 
Drive pattern  
The drive pattern of the cylinder used in this research 
simulates the hydraulic pressing machines. Figure 2 
shows a cylinder drive pattern used in this research. A 
load spring is supposed to be a work. In the cylinder 
position control, the reference step signal changes two 
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phases and this implies an actual approaching motion of 
pressing machines. The cylinder velocity is controlled in 
the higher velocities before reaching the load spring. 
After touching load spring, the controller keeps lower 
cylinder velocity until the pressure exceeds a 
predetermined threshold. Then we switch from the 
position control to the pressure control as a pressing 
process. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Cylinder drive pattern 
 
 

MODELING 
 
To derive the mathematical model of the system shown 
in Figure 1, we assume that the dynamics of piping are 
negligible and tank pressure pr=0. The plant model can 
be reduced to lower dimension by ignoring the 
compressibility of the hydraulic oil. The leakage flow, 
the nonlinear friction torque and the load force are 
treated as disturbances. Then as the equation of motion 
of transformer, the flow rate and the cylinder motion, we 
obtain the following. 

fBhtsA TpDBJpD +++= 1ωω                   (1) 

leB qDyAq −== ω11                           (2) 

1 1 2 2 ( )c L cA p my B y F my B y A p k y l= + + = + + + −   (3) 
 

2 2

2 2

, before contacting with spring
( ), contacting with springL

p A
F

p A k y l


=  + −
   (4) 

where l is the initial distance from cylinder to the load 
spring. 
 
System model for positioning control 
The cylinder displacement y is given as: 

( )( ) ( ) ( ) ( )y A yy s G s D s d s= +                      (5) 

where Gy (s) is the transfer function of the nominal 

system from DA to y, and dy(s) is a disturbance which 
includes nonlinear friction torque Tf, leakage flow qle and 
load force FL, and Gy (s) is given as: 

2

( )( )
( )

y
y

A y y

Ky sG s
D s J s B s

= =
+

   (6) 

2

2
1 1

, ,B s B
y y y ht

D p D mK J J B B
A A

= = + =      (7) 

1

1( ) ( ) ( ) ( )htB
y L f le

s s B s

Js BDd s F s T s q s
A p p D p

+
= − − −    (8) 

2 2( ) ( )LF s p A k y l= + −    (9) 

 
System model for pressure control 
On the other hand, the pressure in the cylinder head 
chamber p1 is expressed as: 

( )1 11( ) ( ) ( ) ( )P A pp s G s D s d s= +                (10) 

where Gp1 (s) is a transfer function from DA to p1 and 
dp1(s) is a disturbance which includes nonlinear friction 
torque Tf, leakage flow qle and load force FL and Gp1 (s) 
is given as: 

1

1

1
2

1 2 3

( )( )
( )

p
p

A

KP sG s
D s a s a s a

= =
+ +

                   (11) 

1

2 2 2
1 1

2 2
2 1

( ), ,p B s c B

ht B c

K D P ms B s k a A J D m

a A B D B

= + + = +

= +

　

　　　　　　　　　　　　　　

    (12) 
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2
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2 2
1 2 3 1 2 3

2

2
1 2 3

( ) ( )( ) ( ) ( )
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p f

c ht
le

A Js B s D ms B s kd s F s T s
a s a s a a s a s a

ms B s k Js B q s
a s a s a

+ + +
= −

+ + + +

+ + +
−

+ +

　

　　　　　　　　　　　　　

     (13) 

2 2( ) ( )LF s p A k y l= + −                        (14) 

 
CONTROLLER DESIGN 

 
In this paper, cylinder velocity control and force control 
is considered. Figure 3 and Figure 4 show block 
diagrams of the position and the pressure control systems, 
respectively. For notational convenience, subscripts y 
and p1 stand for the cylinder position control system and 
the pressure control system, respectively. We design each 
controller via 2-DOF and internal model principle. 
Position controller system 
Figure 3 shows the block diagram of feedback type 
2-DOF control system for position control. In this figure, 
r is desired position, u control input, y controlled variable, 
d disturbance, w disturbance from parameters variation, n 
sensor noise. 
According to the parameterization of 2-DOF control 
system, controllers are given as 
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1 ( )( )
( ) 1 ( )A

y

Q sC s
G s Q s

= ⋅
−

                       (15) 

( )1 1( )
( ) 1 ( ) 1 ( )

M
B

y M

G sC s
G s G s Q s

= ⋅ ⋅
− −

               (16) 

where GM(s) is a reference model and Q(s) is a 
stabilizing filter. 
The transfer function from desired value r to controlled 
variable y is given as 

( ) ( )( )( ) ( )
( ) 1 ( ) ( ) ( ) ( )

B y
ry M

r A y B y

C s G sy sW s G s
y s C s G s C s G s

= = =
+ +

 (17) 

The sensitivity function S(s) is given as 

( ) 1( )
( ) 1 ( ) ( ) ( ) ( )

(1 ( ))(1 ( ))
A y B y

M

y sS s
w s C s G s C s G s

Q s G s

= =
+ +

= − −　　　　　　　　　　　

         (18) 

The complementary sensitivity function T(s) is given as 

( ) ( ) ( ) ( )( )( ) 1 ( )
( ) 1 ( ) ( ) ( ) ( )

A y B y

A y B y

C s G s C s G sy sT s S s
n s C s G s C s G s

+
= = = −

+ +
 (19) 

The disturbance response is given as 

( ) ( )( ) ( ) ( )
( ) 1 ( ) ( ) ( ) ( )dy y

A y B y

y s G sW s S s G s
d s C s G s C s G s

= = =
+ +

  (20) (19) 

From Eq.(17), Wry(s) can be designed with GM(s), and 
from Eq.(18), (19) and (20) S(s), T(s) and Wdy(s) can be 
designed with GM(s) and Q(s). S(s) is sensitivity index 
for disturbance rejection performance. And T(s) is an 
index for robust stability and shows the sensor noise 
rejection performance. According to mixed-sensitivity 
design of H-Infinity control theory, it is desired that S(s) 
is small in lower frequency domain while T(s) is small in 
higher frequency domain in practical application. 
In the case of positioning control, the GM(s) is considered 
as a second order model: 

12
1)( 22 ++

=
stst

sG
rrr

M ζ
                     (21) 

where ωr (=1/ tr) and ζr are natural angular frequency 
and damping coefficient, respectively. 

Q(s) is given by the nominal model  

133
13)( 2233 +++

+
=

ststst
stsQ

NNN

N                 (22) 

By substituting equations (21) and (22) into equation 
(15) and (16) and setting Bn=0, we have 

3 2

3 1( )
3

y N
A

y N N

J t sC s
K t s t

+
=

+
                         (23) 

3 3 2 2

2 3 2

3 3 11( )
( 2 ) 3

y N N N
B

y r r r N N

J t s t s t sC s
K s t s t t s tζ

+ + +
=

+ +
       (24) 

Before touching load spring, the controller parameters 
were selected as tr＝0.44, ζr＝1.11 and tN＝0.15 to 
ensure the velocity response considering the saturation 
characteristic of displacement of variable displacement 
pump/motor. The primal stepwise reference position is 
150[mm] and second one 180[mm]. After touching the 
load spring, the controller parameters were selected as tr
＝1, ζr＝1 and tN＝0.15 to push the load spring as slowly 
as possible. 
 
 
 
 
 
 
 
 
 
 
 
 
 
Pressure control system 
As the cylinder rod extends, the pressure p1 increases. 
Therefore we switch the controller from position tracking 
to pressure tracking control imaging hydraulic pressing 
machines. Since the dynamics to be controlled is 
changed from Eqs. (6) to (11), the controller switching is 
made depending on the pressure threshold; when the 
threshold is exceeded, the controller is changed from 
position controller to pressure controller. 
For given constant reference pressure, disturbance torque 
and leakage flow can be considered as constants. This 
implies that the controller should contain at least one 
integrator to track the reference pressure via internal 
model principle without steady state error. To consider a 
sufficient condition for the pressure controller, we define 
Ger(s) and Ged(s) as transfer functions from reference 
r(s)(=r0/s) to error e(s) and from input disturbance to 
error, respectively. Then, by applying the final value 

Figure 3 Cylinder position control system 
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theorem, the steady-state error e∞ is given by 
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(25)

where d0 is constant disturbance gain. 
This result shows that a controller should contain at least 
one integrator to make steady state error reduce to zero. 
 
The controller of the following structure is then given as 

 

1
i

p p
kC k
s

= +  (26)

 
where kp and ki are PI control parameters to be 
determined. 
 
 

 

 

 

 

 

 

 

 

EXPERIMETAL RESULT AND CONSIDERATION 
 

Figure 5 shows the experimental results on pressure in 
cylinder head chamber p1, cylinder displacement y and 
displacement of the variable unit DA during position and 
pressure control. The constant system pressure is set to 
be 5[MPa] in all experimental results and the load mass 
m=60[kg]. It is observed that the cylinder tracks to the 
reference model without the overshoot both in 
positioning and pressuring control phase. Moreover, we 
can see some delay in initial response, about 0.3[s]. This 
can be considered as the influence of dead zone in 
transformer. In the position control before reaching the 
load spring, good position tracking performance to 
reference model is achieved, and the settling time is 
about 4 seconds. In position control after touching load 
spring, the disturbances of nonlinear friction torque and 
load force of acting on cylinder can be compensated and 

the settling time is about 0.5 seconds. 
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CONCLUSION 
In this paper, the robust position/pressure control 
performance of cylinder using hydraulic transformer 
connected to constant pressure supply is examined. In 
positioning control, the feedback type 2-DOF controller 
is implemented and PI control system based on internal 
model principle is applied to pressure control. The 
experimental results show that the disturbances of 
nonlinear friction torque, the leakage of the transformer 
and load force of acting on cylinder can be compensated 
and the good positioning/pressuring accuracy is obtained. 
As a future work, we improve a speed of response by 
introducing nonlinear controller. Moreover the energy 
saving performance should be discussed. 
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ABSTRACT 
 
The paper presents and discusses a R&D-view on trends in development and best practise in design of both low-
pressure and high-pressure tap water hydraulic components and systems for motion control as well as open-ended 
solutions various industrial applications. The focus is on the advantages using ordinary tap water and the range of 
application areas are illustrated with examples, in particular within the food processing industry, humidification 
operations, water mist systems for fire fighting, high water pressure cleaners, water moisturising systems for wood 
processing, lumber drying process and mobile machines and equipment that operate in environmentally sensitive 
surroundings. Today’s progress in water hydraulics includes electro-water hydraulic proportional valves and 
servovalves for design of motion control solutions for machines and robots. The remarkable property is that the 
components operate with pure water from the tap without additives of any kind. Hence water hydraulics takes the 
benefit of pure water as fluid being environmentally friendly, easy to clean sanitary design, non-toxic, non-flammable, 
inexpensive, readily available and easily disposable. The low-pressure tap water hydraulic systems cover up to around 
50 bar, and 2-4 kW having a strong potential to compete with pneumatic and electrical solutions in many applications. 
The high-pressure water hydraulic systems cover typically up to 160 bar pressure from pump and to motors and 
actuators 140 bar. Recently, dedicated pumps and accessories running with sea-water as fluid are available. A unique 
solution is to use reverse osmosis to generate drinking water from sea-water, and furthermore for several off-shore 
applications. Furthermore, tap water hydraulic components of the Nessie® family and examples of measured 
performance characteristics are presented and the trends in industrial applications and need for future are discussed. 

KEY WORDS  
 

Water hydraulics, Actuators, Motion Control, Robot Manipulator, Open-ended Systems, Water Mist. 
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Figure 1   Trend in turnover of Danfoss Nessie Group 

Globally, the benefits for industries and societies are 
based on the nature of water due to the following 
properties: environmentally friendly fluid, non-
flammable, fire and explosion proof, easy to clean 
sanitary design, non-toxic, inexpensive, readily 
available and easily disposable. The remarkable 
property is that the components operate with pure water 
from the tap without additives of any kind, [1] and [22]. 
The business sales history confirms that the use of 
modern water hydraulics shows a growing turnover as 
for Danfoss High-Pressure Water Solutions in Figure 1.  
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Figure 2   Hydraulics application trends and key milestones,[2] 
 

 
 

Figure 3   DTU Test water hydraulic servo actuator with a Nessie power supply 

Pumps for technical 
water and sea-water 

 
Figure 2 illustrates the development and applications of 
water hydraulics versus oil hydraulics, [2]. The Century 
BC Ctesibus invented a two-piston pump designed for 

pumping water. Later in 1795 Joseph Bramah was the 
inventor of the unique the hydraulic press. In 1994 
Danfoss introduced the first generation of modern tap 



A group of frontrunner companies as Danfoss High-
Pressure Water Solution have their water hydraulic 
products and systems on the market, and the number 
and the areas of application are increasing since shown 
at the exhibition area ‘The World of Water Hydraulics’ 
at the Hanover Fair 1997 and 1999. 

water components known as the Nessie® family of 
products for high-pressure tap water hydraulic systems 
that operate typically up to 140 bar. Since 1997 Danfoss 
has introduced such a second generation of low-pressure 
and low-power tap water hydraulic components that 
operate up to 50 bar. Figure 3 shows a running R&D 
test water hydraulic servo actuator for motion control 
since 1997 at Technical University of Denmark, DTU. 
The benefits of water relative to mineral oil, bio oil and 
water-oil emulsion are illustrated in Figure 4. 

Today’s R&D trends strengthen development and best 
practise in design of both low-pressure and high-
pressure tap water hydraulic components and systems 
for motion control as well as open-ended solutions for 
customers within various industrial applications. The 
advantages using ordinary tap water and the range of 
application areas are illustrated in this paper with 
examples, in particular within process industries, the 
food processing industry, pharmaceutical industry, 
humidification operations, water mist systems for fire 
fighting, high water pressure cleaners, water 
moisturising systems for wood processing, lumber 
drying process, mining, steel and cobber industry, 
nuclear industry, and mobile machines and equipment 
that operate in environmentally sensitive surroundings. 
Today’s progress in water hydraulics includes electro-
water hydraulic proportional valves and servovalves for 
design of motion control solutions for machines and 
robots. Many industrial applications required particulars 
cautions that water hydraulics can provide  [1]. On the 
other hand, water has low viscosity relative to mineral 
oil, and can in general only be recommended applied for 
supply pressure up to 160 bars.  
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Figure 4 Water versus bio oil, mineral oil and emulsions 

 
Water is the most natural fluid in the world and nothing 
in nature is more closely associated with cleanliness, 
freshness, and purity that pure water. Therefore the use 
of pure water form the tap without any kind of additives 
for hydraulic systems suited for motion control and 
power transmission for machines and equipment, and 
water mist systems is a natural approach.  

The significant advantages and benefits: 

- No pollution of the environment (since most 
processes create leakage and fluid spills) 

- Low operational and power media costs, i.e. 
purchase, storage, disposal 

 - Non-flammable explosion-proof fluid, safe and 
suitable for use in  hazardous applications (lower 
insurance costs, etc.)  

RESEARCH AND DEVELOPMENT 

The research and development challenges were to find 
engineering solutions to the specific problems in design 
and manufacturing of water hydraulic components and 
industrial systems suitable for using pure tap water as 
the pressure fluid, [2]-[26]. Briefly, the main specific 
problems to overcome are 

- High fluid power density, high power efficiency 
and high torque to inertia ratio compared to electric 
drives and pneumatic drives 

- Workers do not breathe harmful oil vapours or risk 
exposure to skin and eyes. 

- avoid corrosion, using right combination of   
materials and surface finishes 

The compressibility gives the liquid its ability to store 
and transfer energy with a remarkable power density, 
i.e. a very high torque to inertia ratio. However the bulk 
modulus of pure ordinary water is 2.4 103 MPa, 
approximately 50% larger than that for mineral oil (1.6 
103  MPa), and the velocity of sound in water (1,480 m/s 
at 20 oC) is around 10% faster than the velocity of 
sound in mineral oil (1,300 m/s at 20 oC). Thus a water 
hydraulic robot could be significantly faster than an oil 
hydraulically or an electrically driven robot. 

- avoid flow erosion due to very low viscosity and 
turbulent flow 

- control of lubrication with water; tribology, design 
internal parts and gaps 

- surface treatment, tribology, achieving low friction 
surfaces with water lubrication 

 



- control of internal leakage to secure satisfaction of 
high power efficiency  

 

Figure 6  Viscosity of water and mineral hydraulic oil 

- control of external leakage to secure satisfaction of 
high power efficiency  

- optimisation of the water nozzle performance for 
generation of water mist and moisturising units. 

These challenges have been undertaken by Danfoss and 
other companies and by researchers. Today, companies 
have water hydraulic components, systems and 
solutions on the market, and the number of products and 
the areas of application are increasing as illustrated in 
turnover in Figure 1 and Figure 2.  

TEMPERATURE AND PRESSURE RANGE 

The permitted operational temperature range is   +3 0C 
to +50 0C max. due to the nature of pure water, Figure 
5. Today, as an example the pressure range of the 
Nessie® products is up to 160 bar. Furthermore, the 
range for components and water pressure up to 50 bar 
and for medium power range up to 4 kW are available. 

 
That means using water the diameter of pipes, hoses and 
cooling systems is smaller size than that for oil 
hydraulics for the same power range. The specific heat 
of water is 2 times that of mineral oil, that means water 
has the double ability to absorb heat. 

 

Figure 5   Vapour pressure characteristic of water 

The viscosity of water is significant lower than the 
viscosity of hydraulic oils; with a factor of one to two 
orders depending of the actual oil. Assuming conditions 
for laminar volume flow according to Hagen-
Poiseuille’s law the leakage flow QL through the gap 
can calculated from the following equation 

p
L12

bhQ
3

L ∆
 η

=    (1) 

where b is the width, L is the length, h is the high of the 
gap, η is the dynamic viscosity and ∆p is the pressure 
drop. For equal gaps in a water hydraulic machine (e.g. 
gap between piston and bore), the ratio of leakage water 
relative to leakage of a typical hydraulic oil is 

 
The maximum temperature of +50 0C is in many cases 
not a strong constraint because thermal conductivity of 
water is 4-5 times that of mineral oil! This means, that 
water hydraulic systems tend to require less cooling 
capacity. Heating is often a consequence of flow losses 
due to flow resistance.  
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In order to reduce the leakage flow of water hydraulic 
components to the same level achieved for oil hydraulic 
components, the size of the gap has to be reduced 
according to the ratio 

VISCOSITY AND MATERIALS FOR DESIGN 

In that respect need of cooling, water benefits from its 
much lower viscosity when compared to mineral oil, bio 
oil and oil/water emulsion, Figure 6. The dynamic 
viscosity of mineral oil (30 cSt at 55 oC and atmospheric 
pressure) is around 30 times that of pure water (1 cSt at 
20 oC and atmospheric pressure). 

32.0
h

h
3

oil

Water

oil

water =
η

η
=   (3) 



SOLUTIONS FOR WATER HYDRAULICS In most cases, the radial gap, for example in piston 
pumps, cannot be reduced in practise, because there is a 
risk for locking the pistons due to thermal expansion 
caused by friction between mechanical parts. In design 
of water piston pumps, the gap clearance between piston 
and bore can be reduced to less than 10 µm without 
difficulties. Further, according to the inverse Reynold’s 
equation, the spot underneath an elastic seal relative to a 

rod where 0
dx
dp

= then the height of the gap is h0 is 

proportional to η . Comparing this value for water 
hydraulic relative to oil hydraulic gives the ratio 

Due to the significant advantages of tap water 
hydraulics, water hydraulic system solutions can often 
compete with pneumatic and electrical solutions in 
many industrial areas and with oil hydraulics in 
situations where machines and equipment have to 
operate in environmentally sensitive surroundings. 
Typical important application areas for tap water 
hydraulic solutions are:  

- open-ended systems 

- closed loop hydraulic systems 

- combined open-ended and closed loop systems 

18.0
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 (4) - food processing industry 

- chemical and pharmaceutical industry 

- mining industry 
The global gaps for oil hydraulics is in the region of 
around 1/10 µm. That means, for the same given 
conditions the gap for water hydraulics should be a 
factor 0.18 less against the seal. 

- steel industry 

- nuclear industry 

- wood processing Due to the lower viscosity of water the dynamic 
pressure that builds up is significant lower compared to 
the same conditions with oil in wedge gaps. Assuming 
equal length of the wedge gap, the mean gap width has 
to be reduced according to the ratio 

- lumber drying processes 

- humidification (energy saving, HVAC) 

- water mist fire protection and fighting systems 

- high pressure water cleaners 
18.0
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=  (5) During the last few years Danfoss High-Pressure Water 

Solution developed dedicated APP pumps and 
accessories for sea-water and technical water to be 
available on the market. A unique breakthrough is the 
process called  

The same assumption could approximately holds for the 
micro-hydrodynamics at the wedge gaps of the surface 
structure. This implies that gaps have to be much 
smaller to build up the same hydrodynamic bearing 
forces as with oil. In this case it is important to avoid 
the risk of contact between solid parts and risk of higher 
wear. 

- Reverse Osmosis (drinking water from sea-water) 

Super Duplex stainless steel to operate with sea-water. 

It is not more difficult to design water hydraulic systems 
than oil hydraulic systems as long as the required 
guidelines and design rules recommend for water 
hydraulics are followed by the design engineers, the 
technicians and service personnel. 

Use of hydrostatic bearing is an efficient solution for 
separating the bearing surfaces. Furthermore, use of 
materials with low friction and resistant to wear is 
important. Stainless steel W. No. 1.4057 and reinforced 
polymer PEEK from the polyetherketone family are 
used by Danfoss for the sliding and sealing gaps of 
pumps and motors.  

WATER HYDRAULIC MACHINES 

Today, water hydraulics is applied in design of modern 
mobile machines that have to operate in 
environmentally sensitive surroundings. In the 
following paragraphs two examples are presented.   

An increasing numbers of engineers and managers are 
considering water hydraulics as an emerging technology 
that can offer significant advantages to solve motion and 
force control tasks as a single technology and/or 
combined with other technologies. The trend shows the 
increasing number of application areas for modern tap 
water hydraulic components, in particular the used for 
design of environmental friendly industrial machinery, 
robots, and systems. 

Environmental waste packer lorry  

All hydraulic functions for lifting and filling on the 
designed Waste Packer Lorrys for the Gothenburg 
Municipal are shown one of them in Figure 7.  



 

Figure 7   Water hydraulic waste packer lorry 
 
The functions are controlled and operated by water 
hydraulics to protect the environment in the city. The 
benefits are no risk of oil spill drops or product 
contamination, and easy to clean. The vehicles have el-
hybrid motors. 
A water hydraulic axial pump drives the hydraulic 
system, PAH 80, providing a flow of 115 l/min @ 140 
bar. A water hydraulic motor MAH 12.5 drives the 
winch. All the linear motions such as open/closing tail 
gate, ejector plate, skip shaker, bin lift, carriage plate 
and packer plat are controlled by the 36 water hydraulic 
valves that drive the 11 water hydraulic cylinders. The 
control system includes a PLC. In order to operate 
degrees below freezing points, harmless propylenglycol 
has been added (sugar based glycol that a.o. is use in the 
food industry ad sweetener). A significant benefit is no 
risk of hydraulic oil spill drops on roads, and do reduce 
the use of annual around 18,000 hydraulic oil for 
machines per year in Gothenburg. In Sweden around of 
40,000 ton of oil hydraulics are coming from leaks, and 
1 litre of hydraulic oil can spoil a farmer area for crops 
or 25,000 drinking water reservoir. In many cases water 
hydraulics are solutions for environmental areas. 

TAP WATER HYDRAULIC MACHINERY 
DESIGNED FOR HYGIENE IN FOOD INDUSTRY 

 
Some typical examples of design for hygiene are 
presented in the following to illustrates application areas 
where tap water hydraulics can offer a design for 
hygiene solution in the food processing industry, which 
can not been solved by use of a bio-oil based hydraulic 
system. Compared with pneumatic solutions, water 
hydraulic solutions have the significant advantages of 
easy to flush and clean according to the requirements 
and regulations in the food processing industry, lighter 
weight of cutting tools (saws etc.) due to higher power 
density, much higher efficiency and saving energy 
costs. A tap water hydraulic driven meat burger-
machine is shown in Figure 8. A motor is driving the 
spindle for the meat cutting of beef meat, and two water 
cylinders for motion control are used to form the five 

meat burgers in one row, and one cylinder for moving 
the forming tool horisontally. The machine is very 
environmentally friendly and very easy to clean daily. 

 

Figure 8   Tap water hydraulic driven burger-machine 
 

 
 
 
 
 
 
 
 
 

 
 

 
 
 
 
 
 

 
 
 
 
 
 

Figure 9  Ice fill machines for 400 ice per minutes 
with one motor, 3 linear servo cylinders and 3 end 

cylinders 
 



An automatic controlled ice fill machine for Tetra Pak 
Hoyer in Denmark with a capacity of 400 ice per 
minutes driven by electro water hydraulics with one 
motor, 3 linear servo cylinders and 3 end cylinders is 
shown in Figure 9. 

15

140

130

60
70

80

Water IN
¾" / 16mm

40

110 120

100 90 20
25

190
200

210

220

Empty
Level

160

170

240

MM M

30
3550

PAH80
135 L/min

PAH80
135 L/min

PAH10
12 L/min

150

230

Temp >45°C

85

115

145

270

250

260

t

10

190

205

Area 1 (PowerPack)

55 bar Ø25mm.

Ø25mm.

1½”
Lavtryk

Ø25mm.

Ø12mm.

Ø12mm.
(højtryk)

1½”
Lavtryk

1½”
Lavtryk

1½”
Lavtryk

280

75

M
M

120 bar

 

 
 

Figure 11 Water hydraulic drives for wing press 
equipment for an aero plane factory 

An automatic control tobacco cutter machine for 
Universelle Germany is shown in Figure 10 with two 
water hydraulic cylinders to avoid no risk of pollution, 
easy cleaning and save energy.  

 

 
 

 

Figure 10 Automatic control tobacco cutter machine 
driven by water hydraulics with two cylinders 

 
 A water hydraulic drive unit for wing press equipment 

for the aero plane factory of  Palamine in UK want to 
avoid no pollution on ground, no fire risk and no oil is 
shown in Figure 11. 

 

Figure 12  Diagram of a high pressure water cleaner 

INDUSTRIAL HIGH PRESSURE  
WATER CLEANING 

A very important industrial application of tap water 
hydraulics is high-pressure water cleaners. A typical 
example is cleaners for malt reservoirs in beer breweries 
shown in diagram in Figure 12. A pump, PAH 32, 
generates a pressure up to 160 bar. The pump supplies 
the two high-pressure clean guns connected to a main 
water supply ring net via quick couplings. The 
installation supplies the user with a very flexible and 
effective high pressure cleaning system. 



The high power density gives a very compact cleaner 
unit. Further advantages are no oil lubrication due to 
lubrication of the components by the tap water itself, 
and the system requires minimum maintenance. 

HUMIDIFICATION 

Today’s several installations of humidification units 
with pumps, nozzles and accessories are in use for high- 
pressure water mist. It is needed indoor such as in super 
markets selling fruits and in textile industry. Indoor air 
quality is determined by a number of factors. Humidity 
is one of the most important measures directly affecting 
human beings as well as animals, plants and almost any 
material. Therefore, the ability to adjust humidity, both 
humidifying and dehumidifying, is of importance and 
found in numerous applications and industries. 
Human beings, for example, feel most comfortable at 
humidity between 40 and 60% rH and a temperature of 
22°C / 72°F. Correct humidity minimizes risk of 
infection with contagious disease, growth of bacteria or 
fungi, as well as impacts on performance of man and 
machine. There are hundreds of examples of how 
humidity affects productivity of manufacturing 
processes and the quality of products. 
A high-pressure pump boosts water to a pressure 
typically between 70-100 bar. Specially designed water 
nozzles atomize the water in billions of extremely small 
droplets. The water mist jets are injected either directly 
into the open space or into the duct system of an air-
handling unit as shown in Figure 13.  A humidification 
controlled green house for crops is shown in Figure 14. 
 

 

 
 
 

 
 

 
 

Figure 13   A nozzle and generation of water droplets 
 
The principle works adiabatically, which means that the 
evaporation heat required for transferring water from 
liquid state into gas is obtained by the surrounding air, 
resulting in a temperature decrease called adiabatic 
cooling effect. 
 

WOOD PROCESSING 

Special designed water mist solutions are installed for 
wood processing, in particular for sawmills to avoid 
dust and to improve lubrication and cooling of saws as 

shown in Figure 15 as well as for lumber drying shown 
in Figure 16. 
 

 
 

Figure 14  Humidification control in green house 
 

 
 

Figure 15 Wood processing for sawmills 
 
 A new water hydraulic based Lumber Drying Concept 
has been developed and tested, see Figure 16. This 
concept offers faster drying of lumber in a kiln with 
substantial benefits to capacity, wood quality and the 
overall economy.  

 

Figure 16 Control of process for lumber drying in a kiln 
 



Optimum profitability in the lumber business depends 
on the knowledge and experience of handling lumber as 
living wood material. Automation has become an 
indispensable tool for optimising the lumber drying 
process. A newly developed high-pressure water 
moisturising unit, making up the core of this concept 
(Nessie® Wood Concept) that improve the control of the 
lumber drying process. The new high-pressure water 
moisturising unit operates at pressures between 80-100 
bar and special design nozzles generate extremely small 
water droplets evaporating immediately.  
A vital part of the system is the nozzles that distribute 
the water droplets into the kiln. In Figure 13 is shown a 
nozzle and generation of water droplets. The system 
consists of a tank, a pump, a motor, valves, nozzles and 
a control system. The evaporated water quickly covers 
the total surface of the lumber in a kiln. The results are 
tangible 

• Shorter payback time of the kiln plant: a markedly 
shortened drying period increases capacity. 

• Increased wood quality thanks to a more lenient 
drying process. 

• Reduction of waste. 

• Higher product selling price.   

The high-pressure unit provides these benefits by 
ensuring optimum controlled climatic conditions in all 
phases of the drying process: heating, drying and 
conditioning: 
In the heating phase air humidity must be increased in 
order to obtain intense heating of the lumber – 
otherwise the danger of cracking and deteriorating is 
immediate. The humidity supplied by the Nessie high-
pressure water moisturising unit condenses evenly on 
the surface of the entire pile, thus providing lenient 
heating of the lumber. Moreover, the heating phase can 
be reduced to 4-6 hours, compared to the 14-24 hours 
typically required by traditional moisturising of 
softwood. Applying the high-pressure water 
moisturising unit furthermore renders the widespread 
sprinkling of heat exchangers superfluous. The accurate 
process control ensures that the exact water amount for 
optimum climatic conditions in the kiln is optained, 
leaving out any need for additional evaporation. This 
cuts down maintenance and replacement costs for 
otherwise rapidly corroding heat exchangers. 
In the drying phase the climatic conditions in the kiln 
are likewise controlled by means of high-pressure water. 
The technology is superior to steam applications that 
may cause increased energy supply and thus undesirable 
increase of temperature. Experience from some 200 
applications already running world-wide shows that 
accurate and quickly reacting temperature control can 
be obtained when utilising high-pressure water 
technology in the drying phase. Additionally, water 

consumption is as low as 1 litre per cubic metre 
softwood per drying hour if you replace a traditional 
low-pressure water application with a high-pressure 
water moisturising unit. 
In the conditioning phase lumber is moisturised with 
water in order to reduce tension and to equalise the 
humidity quotient throughout the lumber. Using high-
pressure water, an even distribution of droplets on the 
lumber surface is achieved.  
Steam applications make up an alternative to the Nessie 
high-pressure water moisturising unit. However, 
supplying steam may cause undesirable heating at the 
beginning of the conditioning phase. This adverse effect 
cannot occur using the high-pressure application, since 
it works on cold water exclusively. 
A key advantage is that lumber drying with the new 
high pressure water moisturising unit only requires one 
system for the entire process: heating, drying and 
conditioning. The range of droplets before steam 
generation is 70 times shorter compared to traditional 
low-pressure systems (on identical temperature 
conditions). The drop size is 7 times smaller. The 
system is the most even and all-embracing evaporation 
on the market. 

FIRE PROTECTION  
AND FIGHTING SYSTEMS 

Very effective tap water hydraulic fire protection and 
fighting systems have been developed and taken in use. 
Figure 17 shows an typical fire fighting application. 

 

Figure 17  Fire fighting by high pressure water 
hydraulics for generation of water mist 

 
The water pressure is generated by a PAH 32 pump 
(max. 160 bar and max. flow 44 l/min) and a pressure 
relief valve secure protection against excessive pressure. 
The water mist system replaces Halogen systems (CFC) 
that have the disadvantage of damaging the ozone layer. 
The water mist is generated through special designed 
nozzles and small quantities of water can be used to 
extinguish fires, including those involving hydrocarbons 
and electrical controls 



TRENDS IN R&D FOR WATER HYDRAULICS WATER HYDRAULIC MARITIME MACHINERY 

The novel developed DTU robot manipulator with three 
joints, each controlled by a servovalve for a water 
hydraulic rotary vane actuator, has three links and is 
able to sustain a maximum load of 85 Kg with 1.9 m of 
extension, shown in Figures 20, 21, and 22. For a 
dexterous use, a load of 50 Kg has not to be exceeded. 
The slave arm weighs around 90 Kg and the actuators 
generate 2156 Nm, 1056 Nm and 448 Nm, respectively.  

Novel Boatscrubbers, a developed automatic boat 
washer to control and drive by high pressure water 
hydraulics for motion control and rotation of the brushes 
to clean the boats is shown in Figure 18.  

 

Figure 18  Automatic water hydraulic boat washer 

 

Figure 20 Schematic of the 3 DOF robot manipulator 

 
The benefits are significant due to the solution means 
that the boat-body can be paint with a silicone process 
to eliminate the pollutions from traditional boat painting 
that contains dangerous particles that seriously pollute 
the seabed of the harbours and sea-water. 

 
The robot arms have servovalves to control flow rates. 
This solution allows the use of rigid connection between 
the servovalves and the actuator. REVERSE OSMOSIS 

- DRING WATER FROM SEA-WATER 

 

Figure 21  CATIA model of the arm 1 and arm 2 of the 
6 DOF robot manipulator 

Recently, a unique breakthrough with the success of 
development, design and implementation the process 
called  

- Reverse Osmosis (drinking water from sea-water) 

by novel dedicated pumps and valves using Super 
Duplex stain steel to operate with sea-water. A dream of 
generation drinking water from sea-water by reverse 
osmosis process is today reality by using dedicated APP 
pumps and VCM valves from Danfoss. 
 

 

 

Figure 19  Drinking water from sea-water by reverse 
osmosis process by APP pumps and VCM valves 

 
The results [26] include engineering design and test of 
the proposed simulation models compared with IHA 
Tampere University’s research measurements from a 
similar robot manipulator driven by tap water hydraulic 
components, Rameda, 2004, [24]. 

 
Figure 19 illustrates drinking water from sea-water from 
an installation from Lanzarothe has resulted in an 
overall low as 2.65 kW/m3 fresh water production and 
saving running costs.  

Simulation results behaviour of the tool point centre 
(TPC) of the slave manipulator arm with 3 DOF is 
shown in Figure 23. 



 

Figure 22 Schematic of water hydraulic vane actuator 

 

Figure 24  A CUT water hydraulics test manipulator 
 

CONCLUSION AND OUTLOOK 

Trends confirm that design of water hydraulic 
application is a natural approach to solve many of the 
major environmental pollution problem and problems in 
industries, which cannot accept contamination of 
products and problems of fire and explosion risk. 

 
A typical motion control application the slave arm was 
tested by defining the following complete test path 
trajectory build up by geometric elements as part of 
circles, strait lines, corner and ramp as reference input 
to the robot controller. 

The contributions presents and discusses a R&D-view 
on trends in development and best practise in design of 
both low-pressure and high-pressure tap water hydraulic 
components and systems for motion control as well as 
open-ended solutions various industrial applications. 
The business sales history confirms that the use of 
modern water hydraulics shows a growing turnover per 
year. Important industrial applications and the benefits 
are presented with focus on process industries such as 
food industry, pharmaceutical processes, water mist fire 
fighting systems, high water pressure cleaners, water 
moisturising systems for a humidification, wood 
processing (sawmills and lumber drying processing), 
and industrial mobile machines and municipal machines 
working in environmentally sensitive surroundings. 

Figure 23  Tool point centre trajectory following a 
complete reference input path shape 

Recently, a unique breakthrough with the success of 
development, design and implementation the process 
called Reverse Osmosis (drinking water from sea-water) 
by novel dedicated axial pumps and valves using Super 
Duplex stain steel to operate with sea-water. 
Today’s challenge is to include design of water 
hydraulic systems and industrial solutions in education 
of engineers, and research for PhD students. Several 
universities have undertaken the challenge, and more 
and more universities do include water hydraulics as an 
important technology complementary to oil hydraulics, 
pneumatics and electrical power engineering to best 
practice for design of solutions for the future. 

 
The CUT's water hydraulic test rig facility with actuator 
operates arm, water hydraulic valves and cylinders 
shown in Figure 24 was built for R&D activity. It 
includes power supply, input signals generator, sensors 
for pressure, temperature, flow rate and position 
measurement system. As applied for the DTU water 
hydraulic test facility similar hydraulic components for 
the CUT test rig are mainly Danfoss Nessie products, 
including proportional valves, [23 and 25]. 
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ABSTRACT 
 

Water hydraulic servo system is an attractive system source for its environmental safety. In this system, the problem for 
precise control is the uncertainties and/or the unmodeled dynamics which includes parameter variations depending on 
driving conditions and nonlinearity of system e.g. friction force, flow equation and so on. In this paper, we discuss the 
control performance of adaptive positioning controller for water hydraulic servo cylinder. This controller method aims 
to reduce the tracking error tend to zero for given reference signal asymptotically and ensures controller parameters 
keep being bounded. Based on the least square method, parameter update law is given and adaptive tracking controller 
is constructed. The robustness is examined experimentally for supply pressure changes and load fluctuations. 
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INTRODUCTION 
 

In recent years manufacturers and users have been 
requested to take much care of mineral oil. Hence the 
water hydraulic technique using pure tap water as a 
pressure medium became a hot issue again with an 
increase of our concerns for global environment 
problems and also with the technological advances on 
materials, machining and lubricity. This was also 
motivated by its high safety for fire hazard in production 
plant, easy availability and low cost. Water hydraulic 
system now has been applied to food processing, 

semi -conductor industry, forest industry, atomic power 
industry and so on [1], [2]. Among them, the PID control 
strategy is mainly used as a control system design for its 
simplicity and intuitive interpretation of control 
parameters. However, comparison with conventional oil 
hydraulics, the precision of positioning and rotational 
velocity control of water hydraulics are relatively lower. 
This is due to the uncertainties including physical 
parameter changing, unmodeled dynamics and 
disturbance. In water hydraulic case, fluctuation of load 
and supply pressure lead to parameter change while the 
friction, the leakage flow and the dead zone work as 
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disturbance. As a result, PID controller is hard to 
accommodate such uncertainties [3]. This motivates to 
apply adaptive control method to compensate such 
uncertainties and make the closed-loop system to keep 
the specified performance and be more robust. 
In this paper, the nominal system is assumed to be linear, 
and we discuss the positioning controller design for 
water hydraulic cylinder drive system using adaptive 
control theory. More specified, based on the general least 
square method or the fixed trace method as a parameter 
update law, we construct adaptive tracking controller, 
and examine its robustness for parameter changes. 
 

 
WATER HYDRAULIC SYSTEM 

 
WATER HYDRAULIC SYSTEM 
 
A schematic diagram of the water hydraulic servo system 
that forms the basis of this study is shown in Figure 1. 
The experimental water hydraulic servo system consists 
of a water hydraulic power unit, double rods type water 
hydraulic cylinder and water hydraulic servo valve. The 
cylinder connected to the load cart set up horizontally. 
The position of the cylinder detected by the linear 
encoder on the cart is taken into the PC through the 
digital counter. The control input u generated in PC is 
sent to a servo amplifier. Primary specification is shown 
in Table 1. The control system designed in the next 
section is implemented on the dSPACE, and the 
experiment is performed. 
 

 
 Table 1 Specification of the experimental set-up 

 
cylinder (double rods type) φ25×φ14×300st. 
load 100 [kg], max. 
water hydraulic power unit 14.0 [MPa], max. 
servo valve 20 [L/min] (@ 7[MPa]) 
working fluid 30±1[deg C] (tap water) 

linear encoder 320 [mm] : stroke 
0.5 [µm] : resolution 

 
 

CONTROL STRUCTURE 
 
A precise modeling of water hydraulic cylinder control 
system is a very difficult problem due to its inherent 
highly nonlinearities and uncertainties. Especially in 
initializing the experiment, it is necessary in this study to 
set the servo valve spool at a neutral position by hand 
and this routine makes the dead zone be differed value 
each time . Thus in this study, we introduced a closed 
loop control system as a pre-feedback from cylinder 
 

 
 

Figure 1 Water hydraulic servo system 
 
reference position x(t) to measured cylinder position y(t) 
shown in Figure 2. Therefore we can ignore this 
nonlinearity including the spool position drift and we can 
treat it as a new plant. We choose the pre-feedback gain 
as KP=0.7[V/mm] from experiments. 
 

 

 
 

Figure 2 Block diagram of controlled system 
 
 

DISCRETE TIME ADAPTIVE CONTROLLER 
 

We consider following discrete linear time invariant 
SISO system. 

 
1

1

( )
( ) ( )

( )

dz B z
y k u k

A z

− −

−=             (1) 

 
where y(k) and u(k) are the measurable input and output 
respectively, and A(z-1) and B(z-1) are polynomials in the 
unit delay operator of the form 

 
1 1

1
1 1

0 1 0

( ) 1
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n
n

m
m

A z a z a z
B z b b z b z b
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The orders n and m as well as the time delay d ≥ 1 are 
assumed to be known. In this study, n=2, m=1 and d=1. 
For the pole assignment of closed loop and the following 
Diophantine equation is employed [4], [5]. 

 
1 1 1 1( ) ( ) ( ) ( )dD z A z R z z H z− − − − −= +        (2) 
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where 
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1 1
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1
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In Eq.(2) the polynomial D(z-1) defines the closed loop 
poles and in this study an appropriate choice is  D(z-1)= 
(1-0.1z -1)2. The design parameter D(z-1) determines 
unique solution R(z-1) and H(z-1) through  
Eq.(2), and each degrees are 

 
-1 -1deg ( ) 1, deg ( ) 1H z n R z d= − = −       (3) 

 
From Eq.(1) and (2), the following equation is derived 
as the nonminimal expression for a plant: 

 
1( ) ( ) ( )TD z y k k dθ φ− = −            (4) 

 
where 
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]
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θ

φ
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Given a reference input ym, the output error equation is  
 

[ ]1( ) ( ) ( ) 0mD z y k d y k d− + − + =        (5) 
 

From Eqs.(2) and (5), control input u(k) is derived as 
follows. 

 
1

0

1
( ) ( ) ( ) ( )T

mu k D z y k d k
b

θ φ− = + −       (6) 
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T T

T T
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k u k k

θ θ

φ φ

 =  
 =  

 

 
When plant parameters are unknown in Eq.(6), we 
generate control input u(k) as follows with adjustable 
parameters ( ⋅̂ ). 

 
1

0

1 ˆ( ) ( ) ( ) ( ) ( )ˆ ( )
T

mu k D z y k d k k
b k

θ φ− = + −  
     (7) 

 
The overall block diagram of the discrete-time adaptive 
tracking control system is shown in Figure 3, where 

 
1 1 1

0̂
ˆ ˆ( , ) ( ) ( )RB z k B z R z b− − −= −          (8) 

The stability proof of this scheme is given in [5] and [6]. 

 
 

 
 

Figure 3 Discrete-time adaptive tracking control system 
 
 
As a parameter update algorithm, we adopt the following 
recursive least square method with variable gain. 
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                                           (9) 
 

where 
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1 20 ( ) 1, 0 ( ) , (0) (0) 0Tk k P Pλ λ λ< ≤ ≤ < = >  
 

If we choose λ1(k)=1, λ2(k)=1, then Eq.(9) gives general 
least square method. On the other hand, if we choose 
λ1(k), λ2(k) so that trP(k)=trP(0)=constant , then Eq.(9) 
gives fixed trace method [5]. 
 
 

EXPERIMENTAL RESULTS  
 

In this chapter we examine and discuss the robustness of 
adaptive control for supplied pressure changes and load 
fluctuations. More specified, we adopt general least 
square method or fixed trace method as a controller 
parameter update law, and discuss its control 
performance. The initial values of adjustable parameters 
and gain-update matrix of adaptive controller are θ  
(0)=[1.5,0,0,0]T, P(0)=10-6I, respectively, independent of 
the system information a priori, and I is a forth order 
identity matrix. Figure 4 and Figure  5 show experimental 
results of the position control and the position error in 
adaptive control with least square or fixed trace method. 
Experimental conditions are 5[MPa] of supplied pressure 
and 0[kg] of the mass of load. Figure 6 and Figure 7 are 
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for case of the supplied pressure 5[MPa] and the mass of 
load 100[kg]. Figure 8 and Figure  9 are in the case of the 
supplied pressure 7[MPa] and the same load mass.  
From Figure 5, Figure 7 and Figure 9, it is seen that the 
changes of load or supplied pressure have few effects on 
the control performance in adaptive control with both 
least square and fixed trace method. However in the case 
of the least square update law, steady state error remains 
for 5-10[s] and for 15-20[s] while position error is about 
20µm for 10-15[s]. 
In order to make clear the reason, friction characteristics 
of the cylinder and flow characteristics of the servo valve 
are investigated experimentally. As for friction 
characteristics of the cylinder, the difference between 
positive and negative direction of the cylinder position is 
small, thus we conclude that the effect of friction can be 
nearly ignored. On the other hand, flow characteristics of 
the servo valve used in this experiment differs depending 
on the direction of the spool displacement, and the 
direction of the spool displacement is negative both for 
5-10[s] and for 15-20[s]. Figure 10 shows the 
experimental flow characteristics of the servo valve used 
in this experiment where the data between -0.5[l/min] 
and 0.5[l/min] is omitted for the sensor resolution. This 
implies that the flow characteristic differs for the 
direction of spool displacement. 
As mentioned above, it is seemed that steady state errors 
in Figure  4 to Figure 9 are caused by flow characteristics 
of the servo valve. The other reason is that the norm of 
gain-update matrix P in the general least square method 
decreases rapidly as time goes by, and as a result the 
adaptive controller parameters are hardly updated. On 
the other hand, in the case of the fixed trace method, the 
norm of gain-update matrix P is constant, and controller 
parameters are always updated effectively. Therefore 
position error is  about 1µm for 0-20[s], and the effect of 
nonlinearity of the servo valve used in this experiment 
could be compensated. 
 
 
 

 
 

Figure 4 Experimental result: no load, 
supplied pressure 5[MPa] 

 

 
 

Figure 5 Experimental result (Error): no load,  
supplied pressure 5[MPa] 

 

 
 

Figure 6 Experimental result: load 100[kg], 
supplied pressure 5[MPa] 
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Figure 7 Experimental result (Error): load 100[kg],  
supplied pressure 5[MPa] 

 

 
 

Figure 8 Experimental result: load 100[kg], 
supplied pressure 7[MPa] 

 

 
 

Figure 9 Experimental result (Error): load 100[kg], 
supplied pressure 7[MPa] 

-3

-2

-1

0

1

2

3

-1.5 -0.5 0.5 1.5

Input (V)

Fl
ow

 ra
te

 (l
/m

in
)

 
Figure 10 Experimental flow characteristics 

of the servo valve 
 
 

CONCLUSION 
 

In this research, the control performance of adaptive 
control strategy for water hydraulic cylinder was 
examined. It is  shown experimentally that the adaptive 
controller has the robustness for supplied pressure 
changes and/or the load fluctuations by using fixed trace 
method as a parameter gain update law. As for the 
cylinder used in this experiment, the effect of friction is 
very small, therefore the system dynamics can be treated 
as almost linear. The experimental results show that the 
application of adaptive controller to water hydraulic 
servo system is practical. 
We consider more simple adaptive control strategy as a 
future work and the application for water hydraulic 
motor. 
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ABSTRACT 

 
Many studies have been conducted for quantitative/qualitative analysis and comparison of various teleoperation 
schemes. Position-position, force-position and 4-channels are to name a few. However most of this research has 
been focused on electrically actuated manipulators. This paper documents the comparative study of various 
teleoperation schemes explicitly for hydraulic manipulators. Identical water-hydraulic actuators have been used 
as master and slave. Three popular schemes of teleoperation: position-position, force-position and 4-channels 
have been implemented and tested. The results are compared on the basis of criteria established by other 
researchers for electrically actuated manipulators. The study has been done using manipulators with single 
degree of freedom to emphasize the comparison. The research has been carried out with a goal to extend the 
number of degrees of freedom in future to obtain a practical water-hydraulic teleoperation system useful in 
industrial applications such as International Thermonuclear Experimental Reactor (ITER). 
 
 

KEYWORDS 
 

Teleoperation, Hydraulics, Haptic, Robotics 
 
 

 
NOMANCLATURE 

 
Fe : Environment force 
Fm : Master force 
Fop : Operator force 
Fs : Slave force 
F12 : Force tracking 
h11 : Free motion impedance 
h21 : Position tracking 
Kp : Proportional gain 
Xe : Environment position 
Xm : Master position 

 
 
 
Xop : Operator position 
Xs : Slave position 
Z11 : Max. transmittable impedance 
Ze : Environment impedance 
Zm : Master impedance 
Zop : Operator impedance 
Zs : Slave impedance 
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INTRODUCTION 
 
Hydraulics is always a choice of interest in 
industrial applications where high forces are 
required with compact size actuators. Simple 
construction and high reliability are added 
advantages of hydraulics. It has been proving its 
worth in applications like automobiles, excavators 
and airplanes with a high degree of reliability and 
low maintenance. With the developments in water 
hydraulics (water is used as a pressure medium 
rather than oil), scope of hydraulic applications has 
widened further. The characteristic advantages of 
hydraulics together with the characteristics of water 
as the pressure medium (fire and environmentally 
safe, chemically neutral, not activated not affected 
by radiation) are highlighted in critical applications 
such as remote handling operations in International 
Thermonuclear Experimental Reactor (ITER) [1]. 
 
Remote handling adds another dimension in control 
of hydraulic manipulators. It leads to the 
imagination of adding haptic interfaces with force 
feedback on hydraulic manipulators. It has been 
reported that haptic-augmented interactive systems 
seems to give about a two-fold performance 
improvement over purely graphical interactive 
systems [2]. 
 
Many studies have been conducted for 
quantitative/qualitative analysis and comparison of 
popular teleoperation schemes [3][4]. However, 
most of this research has been focused on 
electrically actuated manipulators. With new 
apparent needs and with advancement of water 
hydraulic components, heavy duty hydraulic 
manipulators will soon be employed in 
teleoperation applications. 
 
Much research has already been done in past to 
teleoperate hydraulic manipulators in many 
industrial “situations”. Working hydraulic 
teleoperation systems are under operation across the 
world to deal with tasks in hazardous conditions. 
However, most of these teleoperation schemes were 
developed for custom made manipulators with 
specific teleoperation capabilities. In summary no 
off the shelf techniques or general solutions are 
available. 
 
With the development of ITER, once again, the 
need of such investigation has become evident. The 
manipulator has to have 6 degrees of freedom 
composed of water hydraulic actuators. 
 
In authors knowledge no comprehensive and 
detailed studies have been performed to develop 

and test methods for teleoperation of hydraulic 
manipulators. It is a first attempt to investigate the 
behavior of low pressure water hydraulic actuators 
under teleoperation. Both master and slave are 
identical water hydraulic cylinders (1 dof 
manipulators). The goal is to investigate and 
generalize the teleoperation techniques for water 
hydraulic manipulators, and widens the scope of 
application. The research will direct to extend the 
number of degrees of freedom to obtain a 
teleoperation system useful in industrial 
applications such as ITER. 
 
In the following section we will discuss the 
implemented teleoperation schemes. A set of 
parameters will be mentioned under the section 
evaluation criteria. Hardware and software used 
for the experiment will be discussed under the 
heading of experimental setup. In the end results 
will be plotted and conclusions will be drawn. 

 
TELEOPERATION SCHEMES 

 
Lawrence [5] introduced a general and fundamental 
architecture for teleoperation. In this architecture 
both force and position information can be 
exchanged bilaterally between master and slave. 
However, the architecture can be modified to fit 
into any general scheme by setting the parameter 
values. The architecture also provides the 
description of optimized transparency in a 
teleoperation scheme. Transparency is the measure: 
how much the operator can have the feel of the 
task. An ideal teleoperation system should be 
transparent. 
 
From the teleoperation point of view there is no 
reason not to use the position and force information 
bilaterally. However, from control point of view it 
is not possible many times. The reason could be the 
unavailability of sensors. Also introduced 
communication delays suggest the use of minimum 
transfer of information for system stability. 
 
Lawrence architecture can be modified and can be 
implemented with the absence of certain 
communication channels. Ming [6] has mentioned 
and experimented with several schemes in his work. 
In the following paragraphs we will discuss the 
schemes of our interest. 
 
Position-position scheme 
As the name implies only the positions of master 
and slave are bilaterally exchanged through 
transmission channels. The architecture is also 
referred as position error scheme in text. Figure 1 
illustrates the implemented control system. 
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Figure 1 Position-position scheme 
 
 

The forces acting on master and slave can be 
equated as in (1) and (2) below: 
 

smm XXF −=  
 

(1) 

sms XXF −=  (2) 
  

In some cases a scaling factor is required before the 
forces are reflected. However in this case it is set to 
one, so same forces are reflected at master and 
slave. 
 
Force-position scheme 
In this scheme position of master is transmitted to 
the slave, which tries to follow it as efficiently as 
possible. In the other direction force experienced by 
slave is transmitted to master, which is felt by the 
operator. The architecture is also referred as force 
reflection scheme by some authors. 
 
The reflected force can be scaled up or down as per 
requirement. However, in this case the scaling 
factor is set to one, so the same force is experienced 
by master as by slave. Figure 2 depicts the control 
system of implemented scheme. 
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Figure 2 Force-position scheme 

Forces acting on master and slave are described by 
equations (3) and (4) below: 
 

   sm FF =  
 

(3) 

sms XXF −=  (4) 
 
4-channels scheme 
As the name of the scheme suggests all the four 
channels of information mentioned in Lawrence [5] 
architecture are utilized to exchange information. 
Forces as well as positions of both master and slave 
are bilaterally exchanged. The presence of position 
and force sensors in both master and slave 
manipulators is thus compulsory. 
 
The implemented scheme is shown in Figure 3. It 
can be observed that all the parameters are quite 
coupled together. It is hard to predict the behavior 
of the system if any one of them is modified. 
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Figure 3 4-channels scheme 
 

 
Figure 3 also indicates that no controllers have been 
implemented for communication channels. As both 
master and slave manipulators are connected to 
same control system, so the communication delays 
are neglected in this case. Also as master and slave 
are identical, so no scaling is required. 
 
Equations (5) and (6) describe the forces acting on 
master and slave manipulators. 
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smsopm XXFFF +++−=  
 

(5) 

  mmses XFXFF ++−=  (6) 
 
 

EVALUATION CRITERIA 
 
The sole criteriaon to evaluate the performance of 
master-slave systems is the operator, who can 
notice the difference in efficiency of various 
teloperation schemes. However, from analytical 
point of view quantitative evaluation of such 
systems is important. 
 
Aliaga [4] in his work has established criteria to 
evaluate and quantify the performance of a 
teleoperation system. According to him 
performance of a master-slave system can be 
experimentally evaluated by operating them under 
two basic conditions: 
 
1. Unconstrained movement: Slave is moved 

freely in its environment. Mathematically this 
condition can be established in equation (7). 
 

                0=sF  (7) 
 

2. Hard Contact: Slave is made to contact and 
apply force against an infinitely hard surface. 
Mathematically this condition can be 
established in equation (8). 
 

                0=sX  (8) 
 

The four established parameters are obtained from 
the two-port representation matrices of a 
teleoperated system. He also has shown how a 
teleoperation system can be completely expressed 
in terms of these four parameters. 
 
Aliaga [4] has tested the criteria with electrically 
actuated master-slave manipulators. However, in 
our case, the objective is to analyze the established 
parameters with hydraulic actuators. The 
parameters are summarized in Table 1 below. 
 
 
 

 
Table 1 Evaluation parameters 

 
Test Condition Parameter Relationship Desired Value 

Free motion impedance 
0

11
=

=
sFm

m

X
Fh  → 0 

Unconstrained Movement 

Position tracking 
0

21
=

=
sFm

s

X
Xh  → 1 

Force tracking 
0

12
=

=
sXs

m

F
FF  → 1 

Hard Contact 

Maximum transmittable impedance 
0

11
=

=
sXm

m

X
FZ  → ∞ 

 
 

EXPERIMENTAL SETUP 
 
Two identical water hydraulic cylinders presented 
in Figure 4 have been used to form a master-slave 
teleoperation system. Both cylinders are equipped 
with identical position encoders and force sensors. 
 
Cylinders are connected to a real time system for 
control and data accusation, which operates at a 
frequency of 1 KHz. Position controllers have been 
implemented for master and slave. A stiffness value 
of 0.25 N/m has been chosen for both cylinders. A 

hard contact surface has been provided for the 
slave. Teleoperation schemes mentioned before 
were implemented. 
 
During the experiment the master cylinder is 
operated by the operator randomly; first in free 
motion region of slave and then slave against the 
hard contact surface. The position and force data 
from master and slave is acquired for a time period 
of 60 seconds. The obtained results are plotted in 
following section. 
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Figure 4 Master-slave hydraulic cylinders 
 
 

RESULTS 
 
Parameters h11 (free motion impedance), h21 
(position tracking), F12 (force tracking) and Z11 
(maximum transmittable impedance) have been 
obtained for each teleoperation scheme as per 
Table 1. 
 
Figures 5, 6 and 7 show the plots of these 
parameters for each of the scheme. 
 

 
Figure 5 Position-position scheme 

 

 
Figure 6 Force-position scheme 

 
Figure 7 4-channels scheme 

 
 
The plots establish the fact that same set of 
parameters (h11, h21, F12 and Z11) can be utilized for 
the evaluation. 
 
Position-position and 4-channels schemes provide 
the optimal performance. Results from force-
position scheme are also satisfactory, apart from 
parameter h11 which is less closer to zero. Position-
position scheme provides the best values of 
maximum transmittable impedance in this case. 

 
CONCLUSION 

 
Three schemes of teleoperation; position-position, 
force-position and 4-channels are implemented for 
the first time using identical low pressure water 
hydraulic cylinders as master and slave. Proposed 
criteria for the evaluation of teleoperation schemes 
have been used to analyze the master-slave system. 
The criteria had already been tested for electrically 
actuated manipulators. However the idea was to 
understand the utilization of same criteria for a 
hydraulic master-slave system. 
 
It has been shown that mentioned parameters can be 
utilized for the evaluation of hydraulic teleoperation 
systems. Evaluation parameters have been obtained 
for each of the teleoperation schemes and used for 
the comparison purpose. 
 
All master-slave schemes seem to give satisfactory 
performance. Highest values of maximum 
transmittable impedance were obtained with 
position-position scheme. Position-position and 4-
channels schemes provide much lower values of 
unconstrained movement impedance than force-
position scheme. All schemes provide good 
conformance of position and force tracking. 
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ABSTRACT 

 
Force output of a hydraulic cylinder can be controlled by using either load cell or cylinder pressure feedback. Both 
forms of feedback have good features: load cells usually give more sensitive and accurate response to the external loads 
while pressure cells respond faster to changes in valve input and are much easier to install. Pressure feedback can easily 
be used also with rotary actuators but torque sensors are not widely available. In this study, force based motion 
controller design for 3-DOF water hydraulic manipulator is implemented. The target of this study is to compare the 
performance of load-cell feedback that is almost ideal feedback for force in terms of high sensitivity and accuracy to 
more practical and cost affective pressure feedback.  Measured results with 3-DOF water hydraulic manipulator are 
presented in order to verify the findings. 
 

KEY WORDS 
 

Force based motion control, water hydraulics, force control, hydraulic manipulator 
 

INTRODUCTION 
 
Force control applications with hydraulic actuators are 
most commonly realized with pressure sensors and the 
force is measured indirectly from the chamber pressure 
signals. Main reason for this is the price of the pressure 
sensors compared to the price of the load cells, but load 
cells are also more difficult to assemble to the 
mechanical structure of the machine. One problem with 
both controllers is the disturbances caused by the 
change of volume flow and flow direction. The most 
vicious problem in the force control of hydraulic 
actuators is the seal friction inside the actuator. This 
leads to different characteristics between pressure signal 
and force signal based force controllers. Pressure signal 
based feedback reacts fast to changes on the valve input, 
but the static accuracy is not very good due to the seal 
friction. Seal friction is also the reason for the poor 
sensitivity for external forces. The seal friction can be 
compensated to some extent with complicated models, 
but due to the nature of the phenomenon it can never be 
fully compensated. Force signal based feedback is, on 
the other hand, faster to react to external forces and the 
static accuracy is better. Also sensitivity for external 
forces is higher. 
 
In this study, force based motion control of a 3 DOF 
hydraulic manipulator is considered. In force based 

motion control scheme shown in Figure 1, a force 
controller is an inner loop controller and an upper loop 
controller is PD-position controller with gravity 
compensation. With electric robots inner loop 
force/torque controller is not usually required because 
motor torque is proportional to input current. In 
hydraulics, servovalve input is proportional to actuator 
velocity. Therefore, for hydraulic applications 
demanding actuator force/torque control capability, 
inner loop force controller is required. In this paper, 
force based position control of water hydraulic 
manipulator is studied under pressure feedback and load 
cell force feedback. Measured results are presented.    

Figure 1. Force based position controller 
 
PERFORMANCE COMPARISON 
 
The performance of the force and pressure controllers 
were first compared in 1 DOF rotary joint driven by 
water hydraulic cylinder. Both controllers were simple 
proportional controllers with the same gain to allow 
comparison. Size of the cylinder is 32/25-300 mm, the 
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test joint maximum torque is above 1000Nm throughout 
the motion range, which is 120°. The cylinder is driven 
by a flow control servovalve.  
 
The properties of both controllers were measured by its 
frequency response, step response and by a droop test. 
Frequency response measurement was used to define 
the bandwidth of two different control systems. The 
open-loop frequency response measurement of the test 
bench was first performed. The result from valve input 
to velocity without contact revealed bandwidth of 
11.3Hz.  The rest of the measurements were done with 
the boom in contact with stiff environment so that the 
reference force to the cylinder was 2500N. Input signal 
was band-limited white noise (BLWN) with peak 
amplitude of approximately 500N. Frequency responses 
were identified based on BLWN input and force output 
with ETFE (Empirical Transfer Function Estimate)-
function of Matlab’s Identification toolbox. Figure 2 
shows the frequency response of pressure signal 
feedback with the bandwidth is about 20-21 Hz. Figure 
3 indicates that the bandwidth of the pure force signal 
feedback is about 16-17 Hz. 
 

 
Figure 2. Frequency response of pressure signal 
feedback 
 

 
k Figure 3. Frequency response of force signal feedbac

d Step responses were used to verify the results obtaine
from frequency response measurements. They were also 
measured when the boom was in contact with the stiff 
environment. Figure 4 shows the step responses of the 
force and pressure signal feedbacks. These graphs show 
that the pressure signal based feedback controller reacts 
faster to the change in valve input than force signal 
feedback controller.  
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Figure 4. Step responses of force and pressure si al 

roop measurements were made to compare 

gn
feedbacks 
 
D
sensitivities (backdrivability) between force and 
pressure signal feedbacks. The measurements were done 
by slowly moving the boom manually up and down. 
Ideally the increased cylinder velocity would not 
increase the motion resistance. From Figure 6 it can be 
seen that minimum force of about ± 500 Nm is required 
to move the rotary joint. On the other hand, Figure 5 
indicate that with load-cell force feedback and force 
control, rotary joint responses to external load in fairly 
linear way without bias force.      
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Figure 5. Force signal feedback droop 
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Figure 6. Pressure signal feedback droop 
 
3 DOF MANIPLATOR MEASUREMENTS  
 
Water hydraulic 3 DOF manipulator, shown in Figure 7, 
was tested with upper loop position and inner loop force 
or pressure feedback controller. 3 DOF manipulator 
operates in vertical plane with three actuators. 
Therefore, two joints are defining the vertical position 
in XY-plane and the third joint is defining the wrist 
orientation.  
 

 
Figure 7. 3 DOF water hydraulic manipulator 
 
Manipulator measurements were carried out under PD-
position controller with gravity compensation. The X- 
and Y-coordinates describes the position of the third 
joint (wrist) axis. Wrist angle is defined as horizontal 
angle of the third joint. The schematic of the 3 DOF 
water hydraulic manipulator is shown in Figure  8. 
 

 
Figure 8. Schematic picture of 3 DOF water hydraulic 
manipulator 
 
First and second joint are rotary joints driven by water 
hydraulic cylinders. Both cylinders are equipped with 
pressure transducers and load-cells installed on cylinder 
stroke axis. Third joint is vane actuator type and only 
equipped with pressure transducers. Therefore in both 
measurements presented, third joint has inner loop 
pressure feedback controller. Joint angles are measured 
by pulse encoders. Upper loop position controllers are 
simple PD-controllers with the same controller gains in 
both measurements 

)()(
..

θθθθ −+−= RPRVR KKF  (1) 
 

Trajectory generator is used to create joint motions 
between the Cartesian reference position. Inverse 
kinematics are used for converting Cartesian reference 
positions to joint angle references. Manipulator was 
programmed to execute a rectangular box in Cartesian 
space, shown in Figure 9, while keeping a constant 
horizontal wrist angle at -90 deg. Next measured results 
for force based motion controller with inner loop force 
feedback controller and inner loop pressure feedback 
controller are presented. Upper loop PD-controller has 
same gains in both measurements to allow inner loop 
performance comparison. Inner loop force/pressure 
controllers are simple proportional controller with about 
same gains. The gains of the pressure feedback 
controllers had to be decreased a little bit from values 
that worked good for force feedback inner loop 
controller. Although results therefore do not provide 
perfect comparison between two controllers, it is more 
important to show a benchmark result of force feedback 
based controller with quite modest time spend with 
whole motion controller tuning.    
 
Measured results with inner loop force feedback 
controller 
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Inner loop controller in first measurement presented is 
using force feedback provided by load-cell installed on 
cylinder rod axis. Figure 9 shows the resulting Cartesian 
position reference and the calculated Cartesian position 
(forward kinematics) of the manipulator wrist (third) 
joint in vertical XY-plane.  
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Figure 9. Cartesian reference and position 
 
Cartesian space tracking error versus time is shown in 
Figure 10. 
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Figure 10. Cartesian tracking error 
 
From Figure 10 it can be seen that static position 
accuracy is good but dynamic tracking accuracy should 
be somewhat improved. One reason for poor dynamic 
tracking accuracy is Cartesian space trajectory generator 
with trapezoidal velocity profile that results step-like 
acceleration/deceleration. Also, model-based control 
was not used in the upper loop controller for linearizing 
and decoupling of manipulator dynamics.      
  
The measured joint positions and their references are 
presented in Figure 11.  
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Figure 11. Joint angle references and measured angles 
 
Finally, in Figure 12, resulting force reference and 
feedback signals are shown.  
 
From Figure 12, it can be seen that force feedback 
tracks force reference quite well expect that acceleration 
phase of the motion results large tracking error. This is 
in part due to step-like acceleration motion profile in 
Cartesian space. 
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 Figure 12. Joint force/torque and references 
 
Measured results with inner loop pressure feedback 
controller 
 
Second measurement was done by using pressure 
feedback controller as an inner loop of motion 
controller. Pressure signal feedback is more challenging 
control feedback signal than force feedback signal from 
load cell. This is in part due to direct effect of valve 
spool position to cylinder chamber pressure. This is 
because valve spool position is directly proportional to 
time derivate of pressure. On the other hand, load cell 
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feedback is less sensitive to fast servovalve spool 
movements. With pressure transducers sensor price has 
direct effect on sensor signal quality and bandwidth. In 
this study, medium priced pressure transducers were 
used and therefore more expensive sensors should have 
an effect to the results.   
 
In next Figure 13, the result for pressure feedback 
controller is shown. 
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Figure 13. Cartesian reference and position with pure 
pressure feedback 
 
Cartesian space tracking error versus time is shown in 
Figure 14. 
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Figure 14. Cartesian tracking error with pure pressure 
feedback 
 
By comparing Figure 10 and 14 it can be seen that 
Cartesian space tracking error is about decade bigger 
than with inner loop force controller. In next Figures 15 
and 16 joint angle and force/torque tracking are 
presented. 
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Figure 15. Joint angle references and measured angles 
with pressure feedback 
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Figure 16. Joint force/torque references and measured 

with pure pressure feedback  
 

By comparing the results obtained with two different 
inner loop controllers, it is evident that load cell force 
feedback controller is outperforming pressure feedback 
controller. The remarkable thing is that force feedback 
inner loop controller is quite easy to tune compared to 
pressure feedback controller. Alleyne [2] has shown the 
difficulty of tuning hydraulic force controllers mainly 
from theoretical point of view but theory presented 
holds for both pressure and force feedback. However, 
measured results especially with force feedback 
controller, show that force based motion control of 
hydraulic joints results quite satisfactory tracking 
accuracy both in position and force. Obtaining same 
kind of accuracies with pressure control based motion 
controller, on the other hand, requires much additional 
work and possibly model-based seal friction 
compensation control. The downside of these results is 
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that load cell feedback is feasible only at high-end 
robotic applications. For hydraulic rotary actuators like 
vane actuators pressure feedback is only feasible due to 
lack of torque feedback sensors of reasonable size and 
weight. As a continuing study, pressure feedback based 
inner loop controller will be improved and for that force 
feedback based results serve as a good benchmark.        
 
CONCLUSIONS 
 
In study pressure feedback based force control is 
compared to force feedback based controller. Measured 
results with 3 DOF water hydraulic manipulator are 
presented. Both inner loop controllers are simple 
proportional controllers with the about same tuning to 
allow comparison. Pressure sensor signal feedback 
quality did not allow as high proportional gain as force 
sensor signal did. Outer loop position controller is PD-
controller also with the same tuning in both cases.  
Results showed that force feedback based motion 
controller is about decade better in Cartesian space 
position tracking accuracy as compared to pressure 
based motion controller. Difference in results can be 
explained to be mainly due to sensor signal quality and 
joint friction. 
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ABSTRACT

In many hydraulic control applications, classic linear controllers are still employed, although there exist a number of
number of nonlinear control methods, which may be better suited for handling the intrensic non-linearities often found in
hydraulic systems. The focus of this paper is therefore on comparing different linear controllers, based on both simulation
and experimental results, to determine what is obtainable when applying standard linear controllers to a hydraulic SISO
servo system. The paper furthermore addresses how the performance may be improved by using internal pressure control
and model based information to include feedforward information. The control strategies considered are all based on
measurement of piston position and pressure only.

KEYWORDS

Pressure control, feedforward control, controller comparison

NOMENCLATURE

Ap : Cylinder piston area
Bt : Viscous friction coefficient
CL : Leakage coefficient
Kq : Linearised flow coefficient
Kqp : Linearised flow/pressure coefficients
Kv : Servo valve coefficient
Meq : Equivalent mass working on cylinder
pL, pS , pT : Load, supply and tank pressure
u : Control signal
Vt : Total cylinder chambers volume
xp, xr : Cylinder and reference cylinder position
βF : Effective oil bulk modulus

INTRODUCTION

Generally, hydraulic plants exhibit significant non-
linearities and have time-varying parameters, which
makes them difficult to control using linear controllers,
as these typically have to be designed rather conserva-
tively in order to ensure stability. Still, linear controllers
are often applied to hydraulic systems [1], despite many
non-linear control algorithms have been applied to hy-
draulic systems with success, see e.g. [1]-[4]. The main
reasons for this are the simplicity of the linear control
theory and the well developed set of rules and meth-
ods that exist, combined with the relative low knowledge
of non-linear control theory within the hydraulic indus-



tri. Therefore, this paper focus on what performance, in
terms of tracking errors and robustness, that is obtainable
using standard linear controllers on a hydraulic servo sys-
tem. It also considers what may be obtained if these are
also combined with model based feedforward informa-
tion. The paper furthermore addresses how the damping
may be increased by adding an internal pressure feed-
back. Based on both simulation and experimental results
the controllers are compared and their possibilities and
limitations are outlined.

SYSTEM PRESENTATION

The hydraulic application considered here is a two-d.o.f.
robotic manipulator, where each link is driven by a servo
valve controlled symmetrical cylinder. Each of these
servo valve and cylinder systems represents a hydraulic
servo system (HSS) as considered in the following. A
generalized model of such a system is characterized by
the highly non-linear nature of the servo valve pres-
sure/flow characteristic, friction effects, a very low damp-
ing ratio and dynamics that strongly depends on the op-
erating point and the physical parameters describing the
system. If the non-linear equations governing this sys-
tem are linearised around an operating point, the trans-
fer function, relating cylinder piston position to the servo
valve input signal, may be written as [5]:

G(s) =
XP (s)
U(s)

=
Kω2

n

s2 + 2ζωns + ω2
n

1
s

(1)

where the gainK, natural frequencyωn and damping ra-
tio ζ are given by:

K =
kqAP

Bt(CL + kqp) + A2
P

(2)

ωn = 2

√
βF

MeqVt
(Bt(CL + kqp) + A2

P ) (3)

ζ =
4βF Meq(CL + kqp) + BtVt

4
√

MeqVtβF (Bt(CL + kqp) + A2
P )

(4)

Pressure Feedback
In order to increase the damping in the system an inter-
nal pressure feedback loop is implemented, as this has
a stabilising effect on the HSS. The general idea is to
measure the pressure difference in the servo-cylinder and
feeding it back to the load flow reference of the servo-
valve. However, instead of using a simple gain feedback,
corresponding to a leakage term, the pressure is fed back
through a high-pass filter which means, that only the high
frequency pressure fluctuations will affect the load flow.
A block diagram of the system with the pressure feedback
loop inserted is shown in Figure 1.
The effect of the pressure feedback may be seen by clos-
ing the inner pressure loop, whereby the integrator part

Figure 1 Block diagram of the system with and without
pressure feedback through a high-pass filter.

4βF

Vts
in the original system is changed to:

4βF

(4βF Khp + Vt)s
· τhps + 1

Vt

4βF Khp+Vt
τhps + 1

(5)

The first term in Eq. (5) can be seen to reduce the gain of
the system and the second term in Eq. (5) is a lead filter,
which, if dimensioned correctly, may be used to increase
the relative stability of the system. Implementing this fil-
ter, by choosing the time constant,τhp, below the natural
frequency of the system and adjusting the gain,Khp, to
obtain sufficient phase margin and bandwidth, the sys-
tems frequency response may be changed as shown in the
bode plot in Figure 2.

Figure 2 Bode plot of HSS to be controlled.

With the pressure control implemented, it shows that the
resonance magnitude peak has been smoothened. This
means, that the gain may be increased without encoun-
tering stability problems.

LINEAR CONTROLLERS

Linear controllers are typically designed based on worst
case considerations, in order to ensure stability in the
whole work space. The model given by Eq. (1) is based



on the cylinder being in the middle position and under the
assumption that this is worst-case concerning stability,
which is also the case for a constant inertia load. For the
robotic manipulator the inertia load changes as a function
of piston position, why the above is an approximation.
The lowest eigenfrequency for each of the two cylinders
are however so close to the middle position that this ap-
proximation is justified. This model is therefore used for
determining the controllers and the controller parameters
are adjusted, so the system fulfils the phase- and gain-
margins requirements:

GM > 6[dB] PM > 45o (6)

In the following the linear controllers considered are
shortly described. These controllers are all found inter-
esting due to the Bode plot characteristic of the system
shown in Figure 2.

• P-controller: As the system both with and without
the pressure control is a type one system, a propor-
tional feedback results in tracking, why this is the
simplest and most obvious controller to try.

• PT-/P-lead-controller: From the system without
pressure feedback the bode plot shows a fast de-
crease of the phase around the eigenfrequency, why
adding a first order filter (PT) with a filterfrequency
aroundωΠ may reduce the magnitude around the
peak, but only changeωΠ a little. The controller
is:

GPT (s) = KP
1

τis + 1
(7)

With the pressure control implemented it may be
seen that adding phase to the system around the res-
onance frequency will increase the bandwidth of the
system. Therefore a P-Lead controller is designed
for this case:

GPD(s) = KP

(
τds + 1
βτds + 1

)
(8)

• PID-controller: Since the system is of type one,
the above controllers gives zero steady-state error,
when the HSS is given a step input. If a PI or a PID
controller is used, zero steady-state error will also
be obtained for a ramp input. Practically the PID-
controller is implemented as a PI-lead controller, in
order to avoid problems with differentiation of high
frequency noise:

GPID(s) = KP

(
1 +

1
τis

) (
τds + 1
βτds + 1

)
(9)

Simulation Results

The responses of the different controllers with and with-
out pressure feedback are shown in Figure 3 and 4. The
reference for both cylinders are sinusoidal, making each
of the cylinders move from one end to the other and back
in 3 seconds.

Figure 3 Simulated position tracking errors for the sinu-
soidal reference input, using the three controllers without
pressure feedback.

Figure 4 Simulated position tracking errors for the three
controllers with pressure feedback.

Comparing the two figures it may be seen that the pres-
sure feedback reduces the position error significantly.
Still the errors are large, and typically not within limits
for most of these types of servo systems. From the sim-
ulation results it may also be seen that the performance
of the two servo systems are quite different, due to the
different masses on the systems. Of the considered con-
trollers it so also clear that the PID-controllers show the
best results, and the PID-controller with pressure feed-
back is therefore the one tested on the laboratory setup.



Experimental Results

Originally the PID-controller was designed using a lead-
filter for the D-part. When implemented in the labora-
tory the controller works, but the operation is noisy. In
order to improve performance a critically damped sec-
ond order filter in combination with the D-part reduces
the noise significantly without reducing the performance,
which implemented yields:

GPID(s) = Kp +
Kpt

τis
+

Kpds

τ2
d s2 + 2τds + 1

(10)

Simulation results for the new PID controller with pres-
sure feedback are shown in Figure 5, which also shows
the robustness of the controller to a mass step of50 [kg]
applied after6 [s]. Experimental results for this controller
are shown in Figure 6. The results corresponds very well
with the simulated ones.

Figure 5 Simulated position tracking errors, using the
PID controller with pressure feedback. A mass step of
50[kg] is applied after6 [s].

Figure 6 Measured tracking errors on the laboratory
setup, using the PID controller with pressure feedback.

CONTROLLERS WITH FEEDFORWARD
INFORMATION

The above controllers had a stabilising effect on the sys-
tem. However when fast position tracking is required the
controllers shows drawbacks such as phase lag, steady-
state error and overshoot. Combining a standard con-
troller with e.g. a velocity feedforward term may im-

prove performance in an often simple and intuitive mat-
ter, assuming the necessary system information is avail-
able. Hereby the linear controller only needs to compen-
sate for the error between the estimated and the correct
control signal, whereas the feedforward terms ensures the
main part of tracking. Estimation of the feedforward con-
trol signal may in this case be done based on the ref-
erence trajectory. Alternative approaches may be to in-
clude feedforward terms to eliminate or reduce influence
of measurable disturbances. In case of the robotic manip-
ulator this could be measuring of the acceleration of link
2, as the inertia forces of this affects link 1. A brief dis-
cussion of different approaches for including feedforward
terms in the controller structure may be found in [3].

Velocity Feedforward Controller (VFC)

To apply this method we needxr ∈ C1, which is also the
case for the sinusoidal input. The general idea is then to
continuously compute the servo-valve control input from
knowledge of the system. Since, in steady state, the ve-
locity of the piston is (assumed) proportional to the dis-
placement flow, and hereby the flow from the servo-valve,
the spool position corresponding to the wanted flow can
be calculated from the orifice equation and fed forward,
as shown in Figure 7.

Figure 7 System with position feedback (proportional
controller) and velocity feedforward control.

An expression for the load flow, corresponding to the av-
erage flow across the servo-valve orifices is given by:

QL = Kvu

√
pS − pT − sign(u)pL

2
(11)

Similarly, the load flow may be related to the pressure
dynamics as:

QL = AP ẋP +
Vt

4βF
ṗL + CLpL (12)

Which, if neglecting leakage reduces to:

QL = AP ẋP + G (13)

whereG representing the pressure dynamics. Substitut-



ing Eq. (13) into Eq. (11) yields

u = ΓẋP + ν

Γ =
AP

Kv

√
pS−pT−sign(u)pL

2

(14)

ν =
g(pL)

Kv

√
pS−pT−sign(u)pL

2

with Γ andν in general being state dependent. With Eq.
(14) representing the system dynamics, the control law
takes the following form.

u = Γ̂(ẋR + Con(xR − xP )) + ν̂ (15)

whereΓ̂ may be either estimated or calculated by mea-
suring the load pressurepL, based on Eq. (14). In the
following ν is set to zero.Con denotes the (position)
feedback controller implemented,xR is the position ref-
erence,xP is the actual position anḋxR is the velocity
reference. IfΓ is assumed constant, the feedforward term
acts as a pre-filter and does therefore not affect system
stability. If pL instead is fed back and used for calculat-
ing Γ the system changes and becomes state dependent.
The control law implemented is thus given by:

u =
AP

Kv

√
pS−pT−sign(u)pL

2

ẋR

︸ ︷︷ ︸
ufeedforward

+Con(xR − xP )︸ ︷︷ ︸
ufeedback

(16)

Three different types of the VFC have been tested on this
basis, these are:

• VFCE with position measurement only (Estimated
Γ)

• VFCA with position and load pressure measurement
(ActualΓ)

• VFCP with pressure feedback (VFCA with pressure
feedback though a high-pass filter)

All three types were tested with a PI controller in the (po-
sition) feedback loop.

Simulation Results
Simulation results for the three different controllers are
shown in Figure 8-10.
In all the simulations a mass step of50 [kg] is applied af-
ter6 [s]. From the simulations it may be seen that the best
result is obtained whenΓ is calculated using measure-
ment ofpL (VFCA), but without the pressure feedback,
as this actually may increase the tracking error, when
these are small, i.e. in the range of0.5− 1 [mm]. For the
VFCP adjustment of the controller parameters resulted in
the integral term being so small that the controller is im-
plemented as a pure proportional controller instead.

Figure 8 Simulated position tracking errors, using the
VFCE and a PI-controller in the outer loop.

Figure 9 Simulated tracking errors, using the VFCA in
combination with a PI-controller.

Experimental Results
All VFC strategies were tested in the laboratory to verify
the simulation findings. The results of the measurements
are shown in figs. 11-13.
Practical implementation showed that, due to noise, it
was necessary to filter the measuredpL in the VFCA-
scheme, in order to get stable and satisfactory perfor-
mance. The filtering is done using a first order filter, how-
ever this did degrade performance, as the tracking error
becomes much larger than in the simulation, as shown
in Figure 12. For the VFCP-scheme the experiments
showed that it was possible to implement the scheme
without filtering the pressure signal, but the tracking error
is still larger than what the simulation shows, cf. Figure
13 compared to Figure 9.

Figure 10 Simulated tracking errors, using the VFCP and
a P-controller in the outer loop.



Figure 11 Measured tracking errors using the VFCE and
a PI-controller in the outer position loop.

Figure 12 Measured tracking errors using the VFCA,
with filteredpL, and with a PI-controller in the position
loop.

CONCLUSIONS

In this paper different linear controllers have been tested
and compared, to determine what is obtainable when
applying these to a highly non-linear hydraulic system.
Based on both simulation and experimental results it was
found that the linear controllers in their standard form are
not generally sufficient to obtain acceptable performance.
Including the pressure feedback dramatically improved
performance. Of the standard controllers considered the
PID-controller with pressure feedback shows the best re-
sponse and also proved to be robust towards mass varia-
tion. In the practical implementation of the controller it
was however necessary to include a filter on the deriva-
tive part to avoid noise problems. A disadvantage with
this controller is as well that both a position and pressure
transducer is required.
Considering the feedforward controllers, these all work
well and have tracking errors better than for the PID-
controller with pressure feedback. From both the exper-
iments and simulation it was found that the best overall
result is obtained with the simple VFCE strategy, using a
PI-controller in the position feedback loop.

Figure 13 Measured tracking errors using the VFCP and
a P-controller.

This although the VFCP in both simulation and experi-
mentally shows very similar or better tracking errors. The
advantages of the VFCE strategy is, besides being easy to
implement, that it only requires a position measurement
and it is not very sensitive to noise. The robustness
towards mass variations on the other hand is not as good
as for the PID-controller and the VCFA-scheme, which
both requires pressure measurement, but still better than
for the VFCP. Of the controllers considered the VFCA is
the most robust to mass variations.
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ABSTRACT 
 

Pneumatic positioning actuators are very commonly used in the control of process control valves in petroleum, chemist 
and paper industries. During the last decade several ideas have been presented how to use water hydraulics in different 
applications. Low-pressure water is available in some process industrial applications a little bit the same way as 
pneumatic power. Lately very demanding performance specification requirements have been presented for positioners of 
process valves. In this paper requirements set to control components of pneumatic and low pressure water hydraulic 
drives in order to fulfil these high quality performance specifications are studied. Different experimental tests have been 
done with both systems and results show that the specification can be fulfilled, but quite high performance components 
are required. 
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INTRODUCTION 

 
Pneumatic positioning actuators are very commonly used 
in the control of process control valves in petroleum, 
chemist and paper industries. Pneumatics has many 
advantages but also drawbacks in these applications. The 
main advantages are easy assembly and cost effectiveness 
and the most significant drawbacks are poor performance 
and large size.  

During the last decade several ideas have been presented 
how to use water hydraulics in different applications. 
Applicability of water hydraulic servo systems in certain 
special applications has been also studied [1] [2] [3]. 
Low-pressure water is available in some process 
industrial applications a little bit the same way as 
pneumatic power. The performance requirements of 
pneumatic as well as low-pressure water hydraulic servo 
valves are studied in experimental tests.  



Typically special low cost and quite poor performance 
valves are used in the control of process valves. However, 
some very demanding requirements have been presented 
to the performance of process valves. The steady state 
and dynamic specifications of the positioning of process 
valves are presented in [4] which is a de facto standard in 
process industry. En Tech has specified three different 
specification levels. The parameter values of dynamics 
for the most demanding cases are; Td=0.1s, T86= 0.4s 
and Tss= 1s, Figure 1. In addition the following 
specifications are valid: dead band 0.06%, step resolution 
0.04%, total hysteresis 0.1%, and maximum overshoot 
20% in the step size range ±10%.  

 

Figure 1. Performance criterion parameters 
 
The studied application is shown in Figure 2 [5]. These 
kinds of positioning systems are used for instance in 
segment type process valves.   
 

GOALS OF STUDY 
 
The goals are to find if it is possible to achieve the 
specifications [4] with pneumatics and low pressure 
water hydraulics. The following goals are set: 
* To find out if the highest performance criterions of 

process valve positioning system can be fulfilled 
with both systems 

* To specify the specifications of the valid 
components of the system. 

* To specify the performance requirements of the 
controller. 

 

Figure 2. Process control valve (studied system) 
 

SPECIFICATIONS OF SYSTEMS 
 
A normal segment type process valve with standard 
pneumatic actuators is used in both cases, Figure 2. The 
rotation range of the segment is 90o. The control valve 
and position sensor are changed. In this study commercial 
pneumatic and water hydraulic servo valves are used. 
The specifications of the pneumatic control system are as 
follows: 
* Cylinder 125/20-76 (piston/rod-stroke [mm]) 
* Supply pressure 6bar 
* Servo valve, nominal volume flow 700l/min, supply 

pressure 6bar, pressure drop/notch 1bar, hysteresis 
<0.5%, bandwidth 600rad/s 

* Position sensor, incremental encoder, resolution 
0.01% 

The specifications of the low pressure water hydraulic 
control system are as follows: 
* Cylinder 80/20-76 (piston/rod-stroke [mm]) 
* Supply pressure 27bar 
* Servo valve, nominal volume flow 19l/min, pressure 

drop/notch 35bar, hysteresis <3%, bandwidth 
600rad/s 

* Position sensor, differential capacitive angle sensor 
* Analog-to-digital converter 14 bits. 
The sampling time of the controller is 2ms in both cases. 
Considering the performance specifications and load 
characteristics this application is very demanding for both 
positioning system. Inertia loads are remarkably low in 
these kinds of applications. Friction forces are high 
mostly because of the seals of the process valve. High 
friction forces make the specifications of resolution and 



hysteresis very challenging. 
 

EXPERIMENTAL TESTS 
 
Experimental tests are carried out both with pneumatic 
and pure water hydraulic systems. All components are 
commercial. The power supplies of both systems are 
taken from the main power units of the laboratory. The 
supply pressures are kept practically constant with an 
extra volume in the pneumatic supply line and an 
accumulator in the water hydraulic supply line.  
Initial tests 
In order to estimate fiction forces and the velocity gain of 
the systems some open loop measurements are carried out. 
As an example open loop responses of both systems are 
shown in Fig.3 and 4. The maximum friction force is 
almost the same in both cases. The behaviour of the 
friction force in the pneumatic drive is more function of 
the piston position than in water hydraulic case. 
Remarkable difference is also in the relationship between 
the fiction force and the maximum force and the dynamic 
behaviour of the friction forces.  

The maximum friction force in pneumatic drive is about 
45% and in water hydraulic drive about 22% of the 
maximum pressure forces. The pressure change rate is 
significantly lower in pneumatic drive than in water 
hydraulic drive in spite of that the maximum velocity of 
the pneumatic drive is significantly higher. 

 
Performance tests 
Because the specifications of the process valve positioner 
specify the performance of step responses, the following 
step responses are carried out. Figure 5 and 6 shows the 
position error responses of the pneumatic as well as water 
hydraulic drive, when the stroke length is about 10% 
corresponding about the 10mm stroke of the cylinders. 
Both cases fulfil well the performance specifications. The 
responses of the water hydraulic drive behave nicely and 
quite symmetrically, but there are some un-certainties in 
the responses of the pneumatic drive. A simple non-linear 
P-controller is used in the water hydraulic case and a State 
Controller in the pneumatic case. Figure 7 and 8 shows 
responses of the position error of 1% strokes and Fig. 9 
and 10 of 0.4% strokes, respectively. 
All these responses fulfil the positioning accuracy and 
response time specifications. There are high frequency 
oscillations in responses of the water hydraulic drive, 
which are mostly due to the noise in the analogue position 
measuring system. The resolution of the position 
measuring system of the pneumatic drive can be clearly 
seen in the position error responses of Fig. 9. Because 
there is no overshoot in any one of the responses the 
tuning of the controllers might have been a little bit 
tighter. However the accuracy and response time 
requirements are fulfilled so there is no need to increase 
loop gains. 
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Figure 3. Measured friction force of pneumatic drive 
in both directions  
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Figure 4. Measured friction force of water hydraulic 
drive in both directions  
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Figure 7. Measured position error responses, strokes 1%, 
pneumatics  
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Figure 8. Measured position error responses, strokes 
1.3%, water hydraulics 

The specifications presented in Introduction chapter, dead 
band 0.06%, step resolution 0.04%, total hysteresis 0.1%, 
should be considered quite tough. In order to find those 
characteristics of both systems a continuous and discrete 
triangle shape wave reference signals have been used. As 
an example, the responses of the pneumatic drive to the 
continuous triangle wave are shown in Fig.11 and 12. The 
responses of the water hydraulic drive of discrete triangle 
wave are shown in Fig.13 and 14, respectively. As can be 
seen both system fulfil the performance specifications. 
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Figure 9. Measured position error responses, strokes 
0.4%, pneumatics  
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Figure 5. Measured position error responses, strokes 
10%, pneumatics 
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Figure 6. Measured position error responses, strokes 
13%, water hydraulics  
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Figure 10. Measured position error responses, strokes 
0.6%, water hydraulics  

 

 

Differences in responses of two systems are mostly due to 
the used position sensors. There is significant noise in the 
position measurements of water hydraulic drive because 

of analogue position sensor. The incremental encoder is 
used in the pneumatic drive and no noise has been 
noticed. 
 

RESULTS COMPARED TO GOALS 
 
Both studied systems fulfil all specifications set by [4], as 
can be seen in Figures above. All specified steady state 
positioning accuracy, dead band, resolution, hysteresis 
and response times are reached without big problems. 
When the zero point of valves is well tuned no drift or 
hunting takes place. 
The most critical component in both cases is the servo 
valve. The servo valves used in this study are good 
quality commercial valves. Their size is quite suitable 
with the used supply pressures. The problem is their costs. 
These kinds of commercial servo valves, especially water 
hydraulic servo valve, are too expensive for these 
applications. The specified positioning accuracy, 
resolution, dead band and hysteresis require reasonable 
good position measurement system. The resolution 
should be at least around 0.01%, which means problems 
with analogue position sensors. 
Because the maximum velocity of the cylinder is 
relatively low the high position loop gains can be used 
and so a non-linear P-controller is enough in the water 
hydraulic case. The pneumatic drive requires at least a 
State Controller. This not a big problem, because high 
resolution position feedback is needed anyway and so the 
required velocity and acceleration can be achieved by 
differentiate from position signal. The required sampling 
time is <10ms. 
As a summary it can be said that with relatively high 
quality commercial components the highest 
specifications of steady state and dynamic behaviour set 
by [4] can be realized with pneumatics as well as with 
low pressure water hydraulics. 
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Figure 11. Measured position response of linear ramp 
(hysteresis), pneumatics 
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Figure 12. Zoomed measured position response of 
linear ramp (hysteresis), pneumatics 



 

 
Discussion 
In order to fulfil the performance specifications the 
steady state characteristics of servo valves should be 
around the specifications of the servo valve used in this 
study. Electric power of process valve control systems is 
very limited (around 5-10mW) which also might limit 
dynamic properties of servo valves. Some experimental 
tests are realized by using a second order low-pass filter 
in the control signal of the servo valves in order to reduce 
the dynamics of the servo valve. When the bandwidth of 
the filter is one tenth of the bandwidth of the servo valves 
and the damping lower (δ=0.5) the overall behaviour of 
both systems do not differ remarkably from original 
behaviour. However, a State Controller is also needed in 
the water hydraulic drive and the controller the pneumatic 
drive has to be re-tuned.    

CONCLUSIONS 
 
According to this study the following conclusions can be 
made. 
* Highest steady state and dynamic performance 

specifications of positioners of process valves can 
be realized both with pneumatic and low pressure 
water hydraulic drives using commercial servo 
valves 

* High steady state performance of servo valves is 
required in both cases. Low hysteresis is the most 
important. 

* Dynamics of servo valves is not very critical. It 
could be one tenth of commercial servo valves. 

* Commercial servo valves are too expensive for these 
applications, especially water hydraulic servo 
valves. 

* Quite high resolution of position sensor is required. 
Resolution should be at least around 0.01% of the 
full stroke of positioners.  
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Figure 13. Measured discrete ramp, step 0.022%, water 
hydraulics 
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Figure 14. Measured position error, discrete ramp, 
water hydraulics 



DYNAMIC CHARACTERISTICS OF A DIRECT-PRESSURE
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ABSTRACT

This paper deals with dynamic characteristics of a direct-pressure sensing water hydraulic relief valve. Four hydrostatic
bearings support the main valve to reduce hysteresis of static characteristics of the valve. Hence, Coulomb friction
acting on the main valve is not available as damping force. A damping orifice is inserted between the main- and pilot
valves to get a damping force for the main valve, while the orifice diameter affects on stability of the main valve. In
addition, the motion of the pilot valve has large effects on the response of the relief valve itself. To show these
influences, we compute the response to a step input of relief flowrate with the MATLAB/Simulink. The results show
that the design parameters affecting the stability are followings: (1) the damping orifice diameter, (2) spring stiffness for
the pilot valve, and (3) volume of a chamber between the damping orifice and the pilot valve.

KEY WORDS

Water hydraulic, Relief valve, Direct pressure sensing, Dynamic characteristic

NOMENCLATURE

A* : various areas (see Eq.(5)) [m2]
c cm p, : viscous coefficient of main- and pilot valve,

respectively [N·s/m]
C Cb d, : discharge coefficient of a hydrostatic bearing

orifice and a valve, respectively [-]
d* : various diameters (see Figs.(2), (3)) [m]
d Di i, : inner and outer diameter of the i-th throttle of

main valve, respectively [m]
h : clearance of the first throttle when x = 0 [m]
k km p, : spring constant for main- and pilot valve,

respectively [N/m]

Ki : i-th order coefficient (see Eq.(12)) [-]
K* : various proportional constants (see Eqs.(9),(16))
ls : axial length of clearance between pressure-

detecting rod and sleeve [m]
m mm p, : mass of main- and pilot valve, respectively (incl.

1/3 of corresponding spring mass) [kg]
p* : pressure at various chambers [Pa]
P* : dimensionless pressure ( = =p ps t* | 0 ) [-]
Pi : dimensionless i-th pressure overshoot [-]
Po : dimensionless pressure increment [-]
q* : flow rate (see Eqs.(10)-(15)) [m3/s]
rd : damping ratio ( = P P2 1/ ) [-]
T1 : time to first overshoot [s]



Td : time from first overshoot to second one [s]
Ts : settling time [s]
V* : volume of various chambers [m3]
x : displacement of main valve [m]
X : dimensionless displacement of main valve [-]
x0 : initial displacement of spring for main valve [m]
y : displacement of poppet valve [m]
Y : dimensionless displacement of poppet valve [-]
y0 : initial displacement of spring for poppet valve [m]
α * : equivalent area (see Eq. (8)) [m2]
β : bulk modulus of fluid [Pa]
δ s : clearance between pressure-detecting rod and

sleeve [m]
µ : viscosity of fluid [Pa·s]
θ p : half cone angle of poppet valve [-]
ρ : density of fluid [kg/m3]

INTRODUCTION

Since viscosity of water is much lower than that of oil,
internal leakage is liable to occur in water hydraulic
valves than in oil hydraulic valves. Placing of a packing
on sliding part prevents the internal leakage, whereas its
Coulomb friction may causes stick-slip, hysteresis, and
instability of the motion. To prevent these phenomena,
flow through the clearance between a valve and a sleeve
is utilised as pilot flow in a water hydraulic high-speed
solenoid valve [1]. When the valve is eccentric to the
sleeve, however, the flow through the clearance will
increase and a hydraulic rock will be liable to occur.
In the water hydraulic relief valve dealt with this study,
the main valve is supported by hydrostatic supports.
Flow through the hydrostatic supports is utilised as pilot
flow, by which internal leakage is reduced. A direct
pressure-sensing technique [2] is adopted in the pilot
valve to decrease pressure override. To suppress
cavitation, pressure in relief flow is reduced by two serial
restrictors in the main valve [3, 4].
Dynamic characteristics of a relief valve are studied by
many authors. Some of the studies on a oil hydraulic
relief valve are the followings: Shin [5] discussed static
and dynamic characteristics of balanced-piston-type
relief valve with various design parameters, whereas he
has ignored the compressibility of oil; Yao [6] computed
dynamic response of direct-pressure sensing relief valve
only with one set of design parameters. For a balanced-
piston-type water hydraulic relief valve, Hayashi et al. [7,
8] discussed the dynamic characteristics of the valve
with some design parameters, including the connected
pipeline. For the direct pressure sensing water hydraulic
relief valve treated in this study, however, the analysis of
dynamic characteristics has not been made.
In this study, effects of various parameters were
investigated on the stability and dynamic response for

the direct pressure sensing water hydraulic relief valve.
The design parameters that affects stability of the valve
are shown.

STRUCTURE OF THE VALVE

Figure 1 shows the structure of the direct-pressure
sensing water hydraulic relief valve treated in this study.
The features are as follows:
1) The main valve is supported by a hydrostatic support

to reduce Coulomb friction. The orifices for the
hydrostatic bearings and clearance around the main
valve are used as the restrictor from the supply
pressure to the pilot pressure. Thus, the flow through
the hydrostatic supports is utilised as the pilot flow.

2) To suppress cavitation, the main valve includes two
annular throttles with nearly equal diameters. Both of
the throttles employ a plane contact because a line
contact is liable to change the static characteristics
due to wear of the valve and the valve seat.

3) To reduce internal leakage from the pilot valve, a
conventional poppet valve with a pressure-detecting
rod is adopted. The displacement of the poppet valve
is almost determined by the balance of forces due to
the supply pressure and the pilot spring.

4) To stabilize the motion of the main valve, a damping
orifice is placed between the main- and pilot valves.

5) The main valve is made up from three pieces to
improve machining accuracy.

Figure 1  Schema of direct pressure sensing water
hydraulic relief valve

SIMULATION MODEL

Figures 2 and 3 show the model drawing of the main
valve and the pilot valve, respectively.
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Figure 2  Model drawing of the main valve

Figure 3  Model drawing of the pilot valve

For the analysis, following assumptions were made:
a) Physical properties of the fluid are constant.
b) Discharge coefficient is constant.
c) Change of the chamber volume by displacement of

the valve can be neglected.
d) The valve undergoes no volumetric change under

the pressure.
e) The transient flow force can be neglected in the

dynamic characteristics as it is small compared with
the steady flow force.

f) Coulomb friction acting on the valve can be
neglected.

g) The outlet fluid pressure is same as the tank
pressure, that is negligibly small compared with the
supply pressure.

Basic Equations
For each of the chambers, equations of continuity
considering compressibility of fluid are established as:
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Equations of motion for main- and pilot valves are:
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and
K C df d v p= π θsin 2 . (9)

Equations of flow rate passing through each restrictors
are written as:
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and Ki  (i = 1, 2, 3) are calculated using the algorithm
explained in [9], adding a few modification.

Method for Simulation and Estimation
MATLAB/Simulink was used for modeling of Eqs. (1)-
(16). Runge-Kutta method of fourth-order was used as
the solver. Although the time step for calculation was
fixed step of 0.01 ms, the time step of data was 0.1 ms.
On a real situation of the relief valve usage, input flow
rate to the valve varies from zero to the rated flow,
namely, the valve closes initially. For the calculation of
such situation, shorter time step and longer calculation
time are required to prevent a memory-overflow. This
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study is, however, mainly aiming at screening of change
of response with various parameters, that the calculation
was made with the main valve opened initially.
Before starting the calculation of the response, pressures
and valve displacement at the initial relief flow rate were
computed and read in as initial values. These values were
approximation, so that vibration occurred just after
starting calculation. However, the vibration disappeared
after 0.2 s with all of the conditions. Step-change of the
input flow rate to the valve was made when 0.25 s. The
calculation of the response was made until 1.25 s. The
pressures and the valve displacement were almost settled
down after 1.25 s in most cases.
Since preset pressure varies slightly with each of the
initial conditions, calculation results cannot compared
with each other in their absolute values. Therefore, all
pressure data were made dimensionless by the initial
supply pressure.
Estimation method for the calculation results was as
follows. Settling time was determined as the time until
the main valve displacement was settled in the settled
value ± 5 % of step width, where the step width is the
difference between the initial- and settled values of the
main valve displacement. As shown in Fig. 4, pressure
increment Po, pressure overshoot P1, peak rising time T1,
damping ratio rd and period of damped vibration Td were
found from waveform of supply pressure.

Figure 4  Measures of step response

Conditions for Calculation
Physical properties of fluid and reference parameters are
listed in Table 1. The discharge coefficients Cd  and Cb

were assumed to be constant. The calculation was made
varying the following parameters: mass of valves mm and
mp, volume of chambers Vp and Vc, diameter of the
damping orifice dc, and spring constant for the pilot
valve kp. Variations of each of parameters were −20, −10,
0, +10 and +20 [%] of the corresponding reference value.
The conditions for calculation were the followings:

* Preset pressure: 7 MPa
* Initial relief flow rate: 5 L/min
* Step width of flow rate into the valve: 15 L/min

Table 1  Physical properties and reference parameters

µ = 0.5482 [mPa·s] ρ = 988 [kg/m3] β = 2.2 [GPa]
Cd = 0.67 [-] Cb = 0.67 [-]

mm = 65 [g] mp = 8 [g]
dc = 1.0 [mm] kp = 158 [N/mm]
Vp = 1.46×10−6 [m3] Vc = 0.953×10−6 [m3]
Vm = 2.34×10−6 [m3] Vs = 0.01 [m3]
cm = 0 [N·s/m] cp = 0 [N·s/m]

SIMULATION RESULTS AND DISCUSSION

Figure 5 shows dimensionless waveforms of the supply
pressure and the valve displacement with conditions of
Table 1. The estimated values are as follows:

* Pressure increment Po : 0.144 %
* Pressure overshoot P1 : 3.18 %
* Peak rising time T1 : 6.7 ms
* Damping ratio rd : 0.851
* Period of damped vibration Td : 25.1 ms
* Settling time Ts : 540 ms

Figure 5  Step response

In the following, the variation of estimated values to the
variation of each parameter will be shown. The pressure
increment Po is, however, shown lastly since it has been
affected only by dc and kp.
Influence of mm and mp
Figure 6 shows the influence of mass of the main valve.
T1 and Td did not change. However, all the other
estimated values indicate that lighter main valve is
preferable.
Figure 7 shows the influence of mass of the pilot valve.
Any significant trend are not observed in this result. The
waveforms of the pilot valve displacement (Fig. 8) show
that lighter pilot valve is preferable on the damping for
high frequency vibration.
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Figure 6  Influence of mm

Figure 7  Influence of mp

Figure 8  Waveforms of pilot valve 

Influence of Vp and Vc
Figure 9 and 10 shows the influence
respectively. Both graphs show clear ten
Vp and small Vc contributes the stabili
Particularly, small Vc has much effect on
settling time.

Figure 9  Influence of V

Figure 10  Influence of Vc

Influence of dc
Figure 11 shows the influence of the damping orifice
diameter, which indicates that the diameter has large
influence on the stability. These phenomena resulted
from the fact that the pressure difference between the
orifice is inversely proportional to the orifice diameter to
the power of four.
Small dc made damped pressure vibration, whereas the
overshoot, peak rising time and period of damped
vibration became quite large. In contrast, if dc was large,
the overshoot, peak rising time and damping ratio
became small, whereas the pilot valve vibrated with high
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frequency. In both cases, the settling time became longer.
To summarize, there exists an optimal value for the
damping orifice diameter. In addition, its small vibration
has large influence on the stability of the valve. This
implies that machining error has large influence on
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stability. To cope with the sensitivity of the orifice, a
capillary would be preferable as the damping restrictor.

Figure 11  Influence of dc

Influence of kp
Figure 12 shows the influence of spring constant for the
pilot valve. When a weak spring was used, the
corresponding overshoot, peak rising time and period of
damped vibration decreased, whereas the damping ratio
increased. Behavior of the settling time does not show
monotonic change with kp, which suggest that a more
precise analysis is necessary.
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Figure 12  Influence of kp

Influence of dc and kp on Pressure Increment
Figure 13 shows the influence of dc and kp on pressure
increment. The pressure increment increases with
increase of kp and with decrease of dc. Particularly, small
dc makes the pressure increment remarkably large, which
implies that the pressure override becomes large.

Figure 13  Affects of dc and kp on pressure increment

Overall Improvement
Based on the above investigation, the calculation was
made again with variation of all six parameters as listed
in Table 2. Although the damping ratio increases slightly,
all the other estimated values decreased. The results are
summarized in Table 3.

Table 2  Variation of six parameters

∆mm : −20 % ∆mp : −20 % ∆Vp : +20 %
∆Vc : −20 % ∆dc : +10 % ∆kp : −20 %

Table 3  Results with conditions of Tables 1 and 2

Table 1 Table 2 Rel. value [%]

Po [%] 0.144 0.106 −26.4
P1 [%] 3.18 2.75 −13.4
T1 [ms] 6.7 5.7 −14.9
rd [-] 0.851 0.855 +0.47
Td [ms] 25.1 22.2 −11.6
Ts [ms] 540 499 −7.65

CONCLUSION

Analysis of dynamic characteristics was made for a
direct-pressure sensing water hydraulic relief valve, in
which four hydrostatic bearings support the main valve
to reduce hysteresis in the static characteristics of the
valve. Investigation on the step response of the valve by
simulation is presented for the various values of the
design parameters. Stability of the valve was discussed
with respect of pressure overshoot, peak rising time,
damping ratio, period of damping vibration and settling
time.
The factor affecting the stability most is the diameter of
the damping orifice that is inserted between the main-
and pilot valves to give damping force to the main valve.
In addition, the spring constant for the pilot valve and the
volume of a chamber between the damping orifice and
the poppet valve have much influence.
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                                ABSTRACT 
 
This paper concerns a newly designed water hydraulic actuator to make reciprocating linear motion without any 
directional control valves outside. It works with only supply of low pressure water, such as from tap water 
network. The object of this paper is to introduce the idea of construction and working principle of the actuator and 
to present some experimental results gained by prototypes. Two different prototypes, with a short stroke (approx. 
20 mm) and a long stroke (approx. 200 mm), are produced. Fundamental performances were tested for the two 
types and good results were gained. Main piston’s displacement, speed, force, and supply flow rate and pressure 
were measured under steady working conditions. The experimental results are presented and some considerations 
to improve the characteristics of them are also discussed. 
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INTRODUCTION 
 
Water hydraulic system which uses pure tap water as 
pressure medium has been paid attention for ten years 
more as a new environmental friendly drive system. It 
has advantages besides the environmental safety; 
cleanness, non-flammability, easiness of obtaining and 
disposing pressure medium, high power density, high 
stiffness and good controllability, etc.[1],[2].  
 
The water hydraulic system has a great potential in the 
field of low-pressure level as well as the middle- and 
high-pressure levels. When the pressure level is low, the 
cost of the components becomes lower. A lot of research 
has been carried out in the field of low-pressure water 

hydraulics. The aim of them is to realize the water 
hydraulic systems with low price of pneumatics and high 
power density and good controllability of oil hydraulics 
[3],[4].  
 
Many applications of water hydraulics are found in 
industries, especially such as food processing industry 
where the machine and systems are required to have high 
tolerance to water cleaning and high hygienic standards 
[5]. The low-pressure water hydraulics has applications 
also in the field of nursing equipments to be used for 
caring handicapped or elder persons in institutions, and 
also it may be used for some domestic applications at 
homes when it can be driven by the low pressure water 
from household tap water network. 

mailto:oshima@numazu-ct.ac.jp


Concerning the water hydraulic components, there are 
less commercialized components in the low-pressure 
level rather than the middle- and high-pressure levels. 
Especially, actuator is needed to be developed further 
more in order to make the field of application of low 
pressure water hydraulics expand.  
 
Commonly, the basic motions to drive machines are 
rotational and linear reciprocating motions. The rotation 
is generated by motors. A low-pressure water hydraulic 
motor with the maximum working pressure 2.0 MPa has 
been developed and in market [6]. Another motor driven 
by the pressure of tap water network is now under 
developing [7]. On the other hand, the linear 
reciprocating motion is generated by a water hydraulic 
cylinder, with usually using electro-magnetic directional 
control valves to switch the flow direction of water. But, 
the electro-magnetic valves tend to cause troubles when 
they are used at the places where will be wet and 
sometime under water. There are, however, practical 
applications in such situations to need just a simple 
reciprocating motion with a constant cycle time and a 
constant stroke, for example, the shaking equipments 
used in food processing and the feeder of a shower 
nozzles used in paper machines, etc.  
 
This paper proposes a new type of a water hydraulic 
actuator which has possible applications in the situations 
mentioned above. It makes self reciprocating linear 
motion without any directional control valves outside. It 
works by only supply of low pressure water from a tap 
water network. It has advantages; easy usage, high 
stiffness and no danger of electric leakage. Two different 
prototypes, with a short stroke (approx. 20 mm) and a 
long stroke (approx. 200 mm), are produced. The 
construction of their important part, which switches the 
flow direction inside the main piston, is designed on the 
same concept. At first, the structure and working 
principle of the actuator is introduced and then the 
experimental results gained by the tests with each 
prototype are presented. Some considerations to improve 
the characteristics of them are also discussed. 
 
    STRUCTURE AND WORKING PRINCIPLE 
 
Figure 1 shows the practical structure of the short stroke 
type. It consists of only five parts except for bolts. It has 
no sealing between the piston and the bore in the body to 
minimize friction. A small amount of leakage appeared 
to the outside through the clearance between the piston 
and the bore. At least, the sealing to prevent the leakage 
to the outside is absolutely necessary when it will be 
manufactured as a commercialized product. The material 
of the piston, spool and plug is stainless steel and the 
body and the end cover is brass. 
 
The piston has two diameters, the bigger is 40 mm and 

 
   (1: Body, 2: Piston, 3: Spool, 4: Plug, 5: End cover) 
 
 Figure 1  Assembly drawing of the short stroke type 
 
 

 
 Figure 2  Schematic structure of the short stroke type 
 
the smaller is 28 mm. It has, therefore, the two areas 
pressure acts on. One is 1,257 mm2 on the right end of 
the piston and another is 641 mm2 of the annular area at 
around the middle. Their ratio is almost 2:1. 
 
A spool is installed in the piston and it makes a function 
of 3 way-2 position directional control valve as shown in 
Figure 2. It operates by difference of pressures act on its 
both the ends through the pilot ports 1 and 2. It switches 
the direction of the flow to and from the chamber B. 
When the position of the valve is as same as shown in 
Figure 2, the supply pressure comes to the chamber B as 
well as the chamber A and the piston moves to the left. 
On the other hand, when it is at another position, the 
camber B connects to the discharge port and the piston 
moves to the right.  
 
The position of the spool valve is determined by the 
position of the pilot port 1. When the pilot port 1 
connects to the chamber A while the piston moves to the 
right, the position of the valve switches to the position as 
same as shown in Figure 2. Therefore, the piston changes 
the direction of its movement to the left. When the pilot 
port 1 connects to the drain port while the piston moves 
to the left,  the spool valve switches to another position 
and  the piston,  therefore, changes the direction of its 
movement to the right. It is continuously repeated and 
the self reciprocating motion of the piston continues. 



 
 (1-1 to 1-5: Body,  2-1 to 2-5: Piston,  3: Spool,  4-1 to 4-4: Pilot valve) 

 
             Figure 3  Assembly drawing of the long stroke type 
 

 
  Figure 4  Schematic structure of the long stroke type 
 
Figure 3 shows the structure of the long stroke type. The 
body consists of five parts; No.1-1 to 1-5. The No.1-2 is 
made of a stainless-steel pipe of which inner surface is 
finished by honing. The piston consists of five parts of 
No.2-1 to 2-5. The No.2-2 is also made of a 
stainless-steel pipe. The piston has two diameters, the 
larger is 40 mm and the smaller is 28 mm as same as the 
short stroke type. The piston has three O-rings on the 
larger diameter area. Grease is put on the O-rings to 
decrease the friction with the inner surface of the pipe of 
the body in which the piston slides. A spool is installed 
in the piston as same as the short stroke type. The major 
difference from the short stroke type is that the long 
stroke type has a pilot valve on a top of the piston, which 
consists of the four parts of No.4-1 to No.4-4. Due to the 
difficulty in producing, the same structure as the short 
stroke type was not available for the long stroke type. 
The material of the most parts is stainless-steel. The parts 
of No.1-1, 1-3 and 4-3 are made of brass.  
 
The spool makes a function of 4 way- 2 position 
directional control valve as shown in Figure 4. It 
operates basically as same as in the short stroke type. 
The different point is that the pilot valve is installed on 
the pilot line connected to the pilot port 1. When the 
position of the valves are as shown in Figure 4, the 
supply pressure comes to the chamber B as well as the 
chamber A. The piston moves to the left. The left end of 

the piston reaches the stopper and the push pin of the 
pilot valve is pushed in, the pilot valve switches the 
position and the pilot line is connected to the pilot port 1. 
The pressure in the pilot line decreases to the 
atmospheric pressure. The spool valve, therefore, 
switches its position to another position and the piston 
changes the direction of its movement to the right 
because the chamber B connects to the discharge port. 
When the pilot port 1 connects to the chamber A while 
the piston moves to the right, supply pressure comes 
through the pilot valve into the pilot line. It switches the 
positions of the spool valve and also the pilot valve. 
Then, it becomes the same situation as shown in Figure 4. 
The piston changes the direction of its movement to the 
left. As these steps are continuously repeated, the self 
reciprocating motion of the piston continues. 
 
     EXPERIMENTAL METHOD 
 
Fundamental characteristics of the motion were tested for 
the both of the short stroke and the long stroke types. 
The piston’s displacement, speed, force, and the supply 
flow rate and pressure were measured under steady 
working conditions.  
 
The tests were carried out under the two kinds of load; 
inertia mass and constant force loads. As shown in 
Figure 5, the constant force load is given by using a 
magnetic brake (see (a)), and the inertia mass load was 
given by stacking iron plates on a plate with wheels (see 
(b)). The mass of each iron plate is 2 kg.  
 
The water is supplied to the actuator through a common 
nylon tube of 5 m length from a tap water network. The 
maximum pressure at the tap is about 0.4 MPa. The flow 
rate is detected  by a turbine  flow meter,  the supply 
pressure is by a strain gauge type pressure transducer, the 
displacement of the piston is by a magnetic displacement 
detector and the force is by a load cell to be available for 
the both of  tension  and compression.  All the data is 



 
         Figure 5  Test system 
 
acquired by a computer with 1 ms and shorter sampling 
time. 
 
           EXPERIMENTAL RESULTS 
 
Short Stroke Type 
Figure 6 shows the displacement of the piston of the 
short stroke type when no inertia mass is loaded, and 
figure 7 shows that when the inertia mass is 10 kg. 
Supply water pressure is 0.28 MPa for the both cases. It 
is found that the good reciprocating motions are obtained 
in the both cases. The frequency of the reciprocating 
motion becomes larger as the inertia mass is smaller and 
the pressure is higher as shown in figure 8. The stroke of 
the piston changes with the change in pressure and 
inertia mass as shown in figure 9. The actuator does not 
work when the pressure is lower than 0.02 MPa. 
 
Figure 10 shows the displacement of the piston of short 
stroke type when a force load is 50 N. Figure 11 shows 
the force detected by a load cell simultaneously with the 
data of displacement in figure 10. It is found that the 
actuator works well under such load condition. The 
critical force load is shown at each pressure in figure 12. 
The piston dose not reciprocate when the force load is 
larger than the critical value. The stroke of the piston 
changes with the change in force load and pressure as 
shown in figure 13. The stroke becomes smaller as the 
force load is larger. It dose not work when the pressure 
becomes lower so that the stroke becomes smaller than 
0.0184 m. 
 
Long Stroke Type 
Figure 14 shows the displacement of the piston of the 
long stroke type  when the inertia mass is 10 kg and the 
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Figure 6 Displacement of piston in short stroke type 

             (no inertia mass, at 0.28 MPa)  
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  Figure 7 Displacement of piston in short stroke type 
          (with 10 kg inertia mass, at 0.28 MPa) 
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Figure 8 Frequency of the motion with change in 

pressure and inertia mass (short stroke type) 
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 Figure 9 Stroke of the piston with change in pressure 

and inertia mass (short stroke type) 
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Figure 10 Displacement of the piston in short stroke type 
           (with 50 N force load, at 0.28 MPa)  
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Figure 11  Detected force in the short stroke type 
          (with 50 N force load, at 0.28 MPa) 
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Figure 12  Critical force load in the short stroke type 
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 Figure 13  Stroke of the piston with change in pressure 

and load force (short stroke type) 
 
pressure is 0.3 MPa. The stopper is located at the place to 
get the stroke 0.18 m. It is found that the reciprocating 
motion is continuously obtained, but the piston speed is 
slightly different between the forward and the backward 
movements. The stroke of the piston shows the two 

different values as shown in figure 15; 0.18 m when the 
pressure is high and around 0.142 m when it’s low. Due 
to the drain from the pilot port 1 while the piston moves 
backward, the piston changes the direction of movement 
from backward to forward before the pilot port 1 reaches 
the chamber A. When the pilot port 1 is covered with the 
bore of the body, the pressure in the pilot line rises and it 
makes the spool valve switch. It causes the shorter stroke. 
The frequency of the reciprocating motion becomes 
larger as the inertia mass is smaller and the pressure is 
higher as shown in figure 16. 
 
Figure 17 shows the displacement of the piston of the 
long stroke type when a force load is 50 N. Figure 18 
shows the force detected by a load cell simultaneously 
with the data of displacement in figure 17.  It is clearly 
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  Figure 14 Displacement of piston in long stroke type 

             (with 10 kg inertia mass, at 0.3 MPa)  
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Figure 15  Stroke of the piston with change in pressure 

and inertia mass (long stroke type) 
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Figure 16 Frequency of the motion with change in 

pressure and inertia mass (long stroke type) 
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Figure 17 Displacement of the piston in long stroke type 
           (with 50 N force load, at 0.3 MPa) 
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Figure 18  Detected force in the long stroke type 

           (with 50 N force load, at 0.3 MPa) 
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Figure 19  Critical force load in the long stroke type 
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Figure 20  Stroke of the piston with change in pressure 

   and load force (long stroke type) 

found that the piston speed when moving forward is 
lower than backward. The critical force load is shown at 
in figure 19. Comparing with the result in figure 12, the 
critical value becomes extremely smaller as the pressure 
is lower. It is considered to be caused by the friction 
between the piston and the bore because the piston has 
O-rings. The stroke changes with the change in force 
load and pressure as shown in figure 20. The stroke gets 
the smaller value around 0.142 m when the pressure is 
lower and the force load is larger. As mentioned 
previously, the leakage thorough the pilot port 1 causes 
this.  
 
It was found that the long stroke type still needs to be 
improved and it was important to decrease the friction 
between the piston and the bore and to make the leakage 
thorough the pilot port 1 close to zero when the piston is 
moving backward. 
 
                CONCLUSION 
 
The low pressure water hydraulic actuator which makes 
self reciprocating linear motion with only supply of the 
low pressure water from tap water network is developed. 
Two different prototypes, a short stroke type and a long 
stroke type, were produced and tested. They showed 
good fundamental performances. But, especially, the 
long stroke type still needs to be improved. 
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ABSTRACT 
 
Today, Remotely Operated Vehicles, or ROV’s, are the dominating type of vehicles for underwater operations and very 
much the working horse of the North Sea, and both the military and the scientific sectors are increasing their use of 
ROVs. An ROV is normally designed for underwater work using oil hydraulics or electricity for propulsion and tool 
control. ROV’s using the surrounding water itself as the energy carrier for propulsion and tool control has never been 
successfully developed. The paper presents research results on a new ROV with water hydraulic propulsion system is 
being developed at Bergen University College. The design of the propulsion system is based on components available 
on the market. The ROV will have two thrusters for manoeuvring in the horizontal plane, and one thruster for vertical 
positioning. Static calculations and dynamic simulations have been performed to investigate the performance of the 
water hydraulic propulsion system. The simulations have been performed applying VisSim. The flow control valve has 
been tested to investigate the capability of flow regulation at low flow rates. Furthermore, this paper presents the 
selected experimental results and performance results. 
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INTRODUCTION 
 
The unmanned underwater vehicle industry, including 
both remotely operated vehicles (ROVs) and 
autonomous underwater vehicles (AUVs) is about 30 
years old. A typical example of ROV for research in 
Norway is shown in Figures 1. During this period, these 
unmanned vehicles have evolved from unreliable 
prototypes developed for research and military use into 
essential everyday tools.  Without ROVs many ocean 
industries such as deepwater oil and gas production 
would not exist. Applications range from simple ‘remote 
eyeball’ observation tasks to high precision seabed 
surveys and manipulative tasks such as pipeline 
connection and servicing of sub-sea oil and gas 
production installation. In March 1995 a designed and 

tested Japanese ROV reached the deepest sea-water 
depth point of the Mariana Trench at 10,911 m (Hawley, 
Nuckols et al. 1996), [1].  
Today, ROV’s are the dominating type of vehicles for 
underwater operations and very much the working horse 
of the North Sea. The design of an ROV is normally 
based on oil hydraulics or electricity for propulsion and 
tool control. ROV’s using the surrounding water itself 
as the energy carrier for propulsion and tool control has 
never been successfully developed. 
Water hydraulics in its modern form has been available 
and in several industrial applications for more than 10 
years, (Conrad, Hilbrecht and Jepsen, 2000), [2]. 
 However, in relation to underwater technology not 
much work has been carried out. Even that oil 
hydraulics and water hydraulics are both fluid medium 



water has othet properties than hydraulic oils, Conrad, 
2000, [2], (Backé,1999, [3]) and (Seabrook and 
Burrows, 1994), [4]. 
An ROV with water hydraulic propulsion system is 
being developed. The The ROV is neutrally buoyant, 
have two thrusters for manoeuvring in the horizontal 
plane, and one thruster for positioning vertically, light 
and camera. Mathematical modelling and dynamic 
simulations using VisSim are undertaken for 
investigation of the performance of the water hydraulic 
propulsion system. The flow control valve was tested 
for the capability of flow control at low flow rates. 
Experimental results are presented and discussed. 
 

REMOTELY OPERATED VEHICLES – ROV 
 
The name a ROV (Remotely Operated Vehicle) is an 
underwater vehicle connected to the surface by an 
umbilical, which transfer electrical power, information 
and control signals to and from the surface work 
platform. Real-time communication between the surface 
and the vehicle allows for the operation and 
manoeuvring of the ROV as shown in Figure 1. The 
ROV system normally consists of the vehicle itself, an 
umbilical connected to the surface, a winch for handling 
of the vehicle and umbilical cable, a power distribution 
unit (PDU) and a control unit, see Figure 1. 
 

 
 

Figure 1. Underwater ROV System 
 

 
The ROV system normally consists of the vehicle itself, 
an umbilical connected to the surface, a winch for 
handling of the vehicle and umbilical cable, a power 
distribution unit (PDU) and a control unit, Figure 1. The 
main ROV tasks are described as in Table 1. 

 

Observation Survey Inspection Manipulative Tasks 
Visual observation 
with camera 
 

Seabed 
observation, often 
together with 
acoustic mapping 

Inspection of fixed 
structures, pipelines, 
cables and subsea 
systems 
 

Requires manipulators and/or additional 
tools. Typical tasks are: installation and 
replacement of modules, valve operation, 
connecting subsea equipment during field 
development, pipeline tie-in etc. 
 

Table 1 

Cameras and light provide vision for the ROV pilot and 
other sensors like compass, pressure sensors and 
transponder provide additional information. A work 
class ROV is normally equipped with two hydraulically 
operated manipulator arms to perform various tasks. 



The ROV can also be equipped with specialized tools to 
perform various tasks such as valve operation, sand 
blasting, wire cutting etc. The tasks for an ROV can be 
divided into active and passive. The passive tasks do not 
require manipulators or torque tools, such as 
observation, survey and inspection. Active tasks are 
defined as manipulative tasks.  

NOVEL R&D ROV IN BERGEN 

A novel ROV with a water hydraulic propulsion system 
as shown in Figure 2, and with light and camera is being 
developed at Bergen University College. Danfoss 
Nessie Water hydraulic components are used for the 
ROV propulsion system, and Sleipner Motor supplies 
the thrusters. Two thrusters operate the propulsion and 
turning of the ROV in the horizontal plane, and one 

thruster to position the vehicle vertically. The ROV 
system consists of a control centre with joysticks for 
operation of the thrusters and to adjust focus of the 
camera. The ultimate goal, in respect of research is to 
develop a fully operational water hydraulic operated 
ROV and introduce new technology to the business. The 
project three main activities are 
 

1. Water hydraulic propulsion and control systems 
2. Hydrodynamic design and optimization 
3. Instrumentation and navigation 

 
Initial tests of the propulsion system have been carried 
out, revealing limitations with respect to speed control 
of the water hydraulic motors. 

 

 
Figure 2. Hydraulic circuit of the novel ROV propulsion system 

 
Only one motor could be running at a time, with little 
adjustment of the speed. An attempt to run two motors 
simultaneously failed, causing the first motor to stop as 
well. This could indicate a problem with the flow 
regulation, or a problem with the motors. Calculations 
to investigate the expected performance of the hydraulic 
system have therefore been performed.  

One water hydraulic axial piston pump, Nessie PAH4 
has 4 cm3/rev is driving the power supply system. The 
three water hydraulic axial piston motors, Nessie MAH4 
have 4 cm3/rev do drive and control the three tunnel 
thrusters with a diameter of 125 mm via a gearbox. The 
applied 4/3 valve controls the rotational direction of the 
thrusters, and speed via the flow proportional control 



valves, VOH 30. A 1.3 kW AC motor drives the water 
hydraulic pump, and a pressure relief valve at 80 bars 
prevents pressure build-up in the system.  

MODELLING OF WATER HYDRAULIC 
PROPULATION SYSTEM 

The volume of displaced water is expressed as by [5] 
 

mV D θ=  (1) 

where Dm is the displacement/radian and θ is total 
angular rotation for the motor. Hence, the flow rate is 

( )m
dQ D D
dt mθ ω= =  (2) 

  (3) P Q p= ⋅ ∆ 2
q

π
=

where p∆ is the differential pressure over the motor. 
The power is 
 mP T ω=  (4) 

where Tm is the motor torque, and mω  is the angular 
velocity. For an ideal motor with no friction, the 
mechanical power on the shaft is equal to the hydraulic 
power of the motor. Combining equation (3) and (4) an 
expression for the torque on the shaft is obtained 

m
QT p D
ω

= ⋅ ∆ = ∆m p          (5) 

The variation of density with pressure and temperature 
is  

d dp
p T
ρ ρρ ∂ ∂

= +
∂ ∂

dT       (6) 

Assuming isothermal conditions, the isothermal bulk 
modulus 

pβ ρ
ρ

∂
=

∂
       (7)    

Equation (6) and (7) combines to 

pρρ
β

=& &        (8) 

The mass balance for a volume can be written 

( ) in out
d V w w
dt

ρ = −       (9)    

where win and wout is mass flow in and out of the volume 
V respectively. The product rule for derivation gives 

pρρ
β

=& &        (8) 

The mass balance for a volume can be written 

( ) in out
d V w w
dt

ρ = −       (9)    

where win and wout is mass flow in and out of the volume 
V respectively. The product rule for derivation gives 

( )in outV V q qρ ρ ρ+ = −&&       (10)   

where qin and qout are volume flow in and out of the 
volume. Equations (8) and (10) gives the mass balance  

in out
V p V q q
β

+ = −&&       (11) 

Assuming an ideal motor, no internal or external 
leakage, and constant displacement volume gives 

1 2
V p q q
β

= −&        (12) 

where q1 is flow to the motor, and q2 is flow from the 
motor. The flow from the motor gives 

2
mD

ω        (13) 

Applying the Newton’s Second law gives 

m L f mT T T J ω− − = &       (14)     

where Tm is the motor torque, TL is the external torque 
on the shaft from the thrusters, Tf Bω=  is the viscous 
friction,  and Jm = Im is the total mass moment of inertia 
of the motor 

1 2( )m LD p p T B Imω ω⋅ − − − = &      (15) 

Solved for the initial pressure pi1, equation (15) 

2
1

m i L s
i

m

D p T T
p

D
+ +

=       (16) 

Applying equations (16), (12) and (15) gives 
( )1 21 q q

p
s V

β−
∆ =        (17) 

2
1 2( )m LD p p T B J sm Lω θ⋅ − − − =      (18) 

where angular velocity is sω θ= . 

EXPERIMENTAL RESULTS 

The flow from the pump, and hence the angular velocity 
of each motor shaft and propeller is controlled with 
three electrically operated proportional flow control 
valves, Nessie VOH 30PE. The reaction time from 
closed to fully open is <150 ms, as shown in Figure 3.  
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Figure 3   Opening time for proportional valve 
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Figure 4   Flow characteristics for 4/3 directional valve 
 
The rotational direction of each motor is controlled by 
three Nessie VDH 30 EC 4/3 directional valves. The 
measured flow characteristics of the directional valve 
are shown in Figure 4. The pressure drop for the 4/3 
valve has been added to each curve at the corresponding 
flow for the proportional control valve. The flow versus 
rotational speed is shown in Figure 5 for motors. 
 

 
Figure 5   Flow and speed of the water hydraulic motor 

 
The motors can be run from 300 to 4000 rpm. However, 
with the current used pump gives maximum available 
flow 5 l/min. The pressure drops versus torque are 
shown in Figure 6, up to the maximum torque at 8 kN. 
 

 
Figure 6  Pressure drop/torque of water hydraulic motor 
 
The required flow versus rotational speed is shown in 
Figure 5 for motors running from 300 to 4000 rpm. 
However, with the current pump deliver 4 cm3/rev gives 
maximum available flow 5 l/min. The pressure drops 
versus torque for the motors are shown in Figure 6.  

SIMULATION RESULTS 

The hydraulic motor is modelled in VisSim based on 
equations describing the relationship between the supply 

and return side pressures and flows, torques and angular 
velocity of the motor. 

Fl
ow
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Two different scenarios have been simulated 
1. One motor at minimum speed 
2. One motor running with maximum available flow 

 
One motor running at minimum speed Pressure drop (bar) 
The motor is running around 300 rpm. The velocity, 
pressures and flows on the supply and return side are 
shown in Figures 7 to 11. The motor speed increases 
gradually to the steady state value at 310 rpm as shown 
in Figure 7. The pressure p1 at the supply side and the 
pressure p2 on the return side is shown in Figure 8. The 
flow q1 on supply and flow q2 return side of motor are 
shown in Figure 9. The limit of pressure p1 is 
approximately 23 Bar, while the pressure p2 reach at 
almost 2 Bar.  
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Figure 7  Rotational speed of motor 
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Figure 8  Pressure on supply and return side of motor 
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Figure 9  Flow on supply and return side of motor 
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The pressures will increase with increasing depth  of the 
sea-water; these calculations are valid close to the 
surface. For a minimum speed of the motor, the flow 
through the motor stabilises at approximately 1.25 
l/min. This shows that a regulation of the flow to around 
approximately 1.2 l/min after 0.1 second. Upwards is 
important to provide speed control of the motors to 
drive and control the thrusters. 
 
One motor running speed with maximum flow 
A simulation has been performed to establish the motor 
performance with a maximum flow from the pump of 5 
l/min. As seen from Figure 10, one motor can be 
running at approximately 1250 rpm. This agrees well 
with the steady state values estimations shown in the 
previous paragraph on minimum flow rate.  
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Figure 10   Rotational speed of motor 
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Figure 11  Pressure on supply and return side of motor 
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Figure 12  Flow on supply and return side of motor 

 
Figures 11 and 12 show pressure p1 and pressure p2, 
flow q1 and flow q2. The limit of pressure p1 is 

approximately 28 Bar, which is a little higher than the 
pressure at 300 rpm. This is due to the friction loss. The 
limit of the flow q1 through the motor is at around 5 
l/min, which is the maximum flow from the pump. 

CONCLUSION AND OUTLOOK 

An novel ROV with water hydraulic propulsion system 
is being developed, designed and implemented at 
Bergen University College. The ROV has two thrusters 
for manoeuvring in the horizontal plane, and one 
thruster for positioning vertically, and equipped with 
light and camera. Initial tests of the propulsion system 
have been carried out, revealing limitations with respect 
to speed control of the water hydraulic motors. Only one 
motor could be running at a time, with adjustment of the 
speed. An attempt to run two motors simultaneously 
failed, causing the first motor to stop as well. This could 
indicate a problem with the flow regulation, or a 
problem with the motors. Modelling and dynamic 
simulations results to evaluate the performance of the 
water hydraulic propulsion system were presented. The 
results show that with a pump delivers flow at 4 
cm3/rev, the system can be running in two different 
configurations 
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• One hydraulic motor with a velocity up to 1200 
rpm and maximum torque (8 kN) on the motor 
shaft. This requires a power of about 0.9 kW as the 
minimum system pressure is 80 bar.  

• Two hydraulic motors with a velocity up to 600 
rpm and maximum torque (8 kN) on each motor 
shaft. This requires a power of about 0.9 kW. 

Test results indicate that accurate flow regulation in the 
range of 0 – 5 l/min is as expected difficult to obtain. 
The used current flow control valve is oversized for the 
ROV system. There is a need for an available flow 
control valve for a smaller flow rate on the market to 
feet accurate regulation of the thrusters. Another flow 
control valve with better performance for the motor and 
thrusters speed control is needed for redesign, and to 
reduce the maximum flow through the valve. New 
system tests will be performed in the research project 
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ABSTRACT 
 
Filtration in water hydraulic system may be problematic, due to chemical, physical and biological contamination. This 
contamination may cause quick increase in the pressure difference over the filter element. The aim of this research was to 
test different kinds of tank sizes and filter combinations and to determine their effects on water quality in a water hydraulic 
system. In this paper the results of these experiments are presented. 
Experiments were made with pilot-scale water hydraulic systems.  The systems induced no biological contamination and 
only a minimum amount of physical and chemical contamination. Filtered tap water was used as a pressure medium. The 
tested filter ratings (β>5000) were from 10 to 90 µm depth type elements and the three different tank sizes 62, 105 and 148 
litres. Experiments were made with water without amendments, and water with nutrient and particle contamination. The test 
periods were up to four weeks. Pressure difference over the filter, fluid flow and temperature are monitored. 
Microbiological analyses consisted of total number of cells, heterotrophic viable plate counts and the determination of 
biofilm formation. In addition, dissolved organic carbon concentration and particle counts were determined. 
Solving the microbiological problems of water hydraulics requires new approach to tank design methods that support the 
long-term working of the water hydraulic system. It is possible to (1) reduce microbial growth in water and on surfaces with 
a proper tank design, (2) keep microbial growth under control and (3) considerably extend the filter lifetimes by using two-
phased filtration in water hydraulic systems. 
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NOMENCLATURE 
 
Bar: 105 Pascal 
CFU: Colony forming unit [cfu/ml] 

DOC: Dissolved organic carbon [mg/l] 
EPS: Extra cellular polymer substance 
ISO 4406 –glass: particle sizes >5 µm / >15 µm 
ISOMTD: ISO Medium Test Dust 



R2A: Medium used to culture bacteria in low-nutrient 
environments 
β(x): (Number of particles > (x) upstream) / (Number of 
particles > (x) downstream) 
 

INTRODUCTION 
 
Microbial growth and particle contamination in water 
hydraulic systems have to be controlled. Filtration is a 
potential method to control the numbers of micro-
organisms and particles in water hydraulic systems and to 
secure the proper functioning of the system. Micro-
organisms retained on the filters grow in the filter 
element as biofilms and increase the pressure difference 
over the filter element. It has been shown that 
approximately 80 % of the micro-organisms of a water 
hydraulic system are on the filter element [1]. 
The aim of this research was to test different kinds of 
tank sizes and filter combinations and to determine their 
effects on water quality in a water hydraulic system. In 
this paper the results of these experiments are presented. 
In addition to tap water experiments, contamination 
simulation experiments were performed in order to 
illustrate the combined effect of organic contamination 
(R2A) and particle contamination on the filter elements 
in water hydraulic systems.  
 

MATERIALS AND METHODS 
 
The pilot-systems and the tested filters 
Two pilot-scale water hydraulic systems were used to 
simulate the operation of a full-scale system (Figure 1 
and 2). The flows produced by the pumps were 34 and 43 
l/min. The temperatures of the systems were 35±0.2 °C, 
which were set to maximize microbial growth in this 
kind of water hydraulic systems. The systems were made 
of acid proof stainless steel (AISI 316), only in suction 
line was used the rubber hose. The sampling ports were 
before, after or middle of the filter housings.  
In the system 1 the fluid flow was monitored with ABB 
COPA-XE flow meter and in the system 2, with a Kytölä 
VLK-4FA rotameter. The temperature was measured 
with Pt100-sensor with Nokeval monitor. Pressure 
differences over the filters were measured with Huba 
Control pressure difference transmitter DTP 4-420 (0-4 
bar, system 1) and Trafag pressure transmitter (0-40 bar, 
system 2). Measuring data was stored with GlobalLab-
software. Particle counting was made using Pamas 3216 
SBSS bottle sample analyser. 

 

 
 

Figure 1 Pilot-system 1 
 
 

 
 

Figure 2 Pilot-system 2 
 
 

The tested filters were 10 µm and 90 µm (absolute 
removal ratings β(x)>5000) polypropylene cartridge 
filters produced by Pall Inc. The filter types were 
R1F100 and R1F900. The length of these filters was 254 
mm and the diameters were 70 mm. These filters are 
disposable and can be used only once. [2] 
Experimental set-up and processing of filters 
Tap water was used as pressure medium in the 
experiments. Tap water was filtrated through 1.2 µm 
filter (Opticap 4” Capsule with Durapore Membrane and 
Milligard Media, Millipore) when filling the tank. P3 
Clint CA was used as cleaning agent. The concentration 
of the cleaning agent in the system was 3 % during the 60 
minutes cleaning period. After the cleaning the system 
was rinsed three times with filtered tap water. During the 
cleaning process, 10 µm polypropylene cartridge filter 
was used for the protection of the components from the 
harmful effects of potential particulate matter. The test 
filters were installed after the rinsing periods.  



Water samples from the lines of the systems were 
aseptically taken into autoclaved bottles. Before the 
sampling the water was allowed to run for 2 to 3 minutes.  
Samples of polypropylene filter were prepared for 
scanning electron microscopy (SEM). The pieces were 
fixed in solution of 1 % glutaraldehyde in 0,1 cacodylate 
buffer at pH 7. After washing with distilled water, the 
pieces were dehydrated in ethanol series (70, 85, 95 and 
99.5 %). The pieces were prepared in 
hexamethyldisilazine (HMDS) and air-dried at room 
temperature. They were stored in exhicator. Before the 
actual investigation with SEM, the pieces were mounted 
on to SEM stubs and coated with gold. The coated pieces 
were investigated with a scanning electron microscope 
(Philips XL-30).  
The heterotrophic viable plate counts were determined on 
R2A medium [3] and the total number of bacteria was 
determined by DAPI-staining. Also, pH and dissolved 
organic carbon (DOC) [4] were determined. 
Contamination substances on the experiments  
R2A was used as a biological contamination to induce 
microbial growth. ISOMTD was used to simulate particle 
contamination in the water hydraulic systems.  
Depiction of the experiments 
First three experiments were made to determine the 
effects of tank size in pure tap water system (experiment 
1 105 litres, experiment 2 148 litres and experiment 3 62 
litres), and these experiments were made with filtrated 
pure water. 
Pre-filtration experiments 4 and 5 were made with 
filtrated pure water. The experiments 6 and 7 were made 
with filtrated tap water with additions of R2A on days 7 
and 14. Experiments 8 and 9 were re-runs of experiments 
6 and 7. 
Experiment 10 was made to produce 90 µm filter 
elements which were loaded with different amount of 
biological contamination. Experiment procedure was as 
follows: experiment was started with four identical filters 
connected as shown in figure 1. After one week, when 
system was operated with pure water, the first of three 
pre-filters was taken out and it was put in particle test 
into pilot system 2 (Experiment 11). Experiment 10 
continued with two pre-filters and R2A was also added 
into the system and after one week (two weeks of total 
running time) the second filter element was put in 
particle test (Experiment 12). The final phase of 
experiment 10 was the as previous. After this filter the 
last of the three pre-filters was put in particle test 
(Experiment 13). 
 

RESULTS 
 

Effect of the tank size 
In experiments 1, 2 and 3, the pressure difference over 
the filter elements increased because of slight microbial 
growth and minimal particle contamination (Figure 3). 
Experiments showed that when using pure tap water tank 
size was not important, taken that the tank is made of 
AISI316 and it has not dead flow areas. It can be seen 
from figure 3, that the system had more contamination in 
experiment 1, because cleaning was not efficient enough 
for new system. 
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Figure 3 Development of pressure difference over 
R1F100 filter element (Experiments 1, 2 and 3) 

 
 

It has been shown earlier that organic contamination can 
block the filter element quite fast causing system 
malfunction [5]. Thus, experiments with organic 
contamination alone were not necessary in this research. 
 
 
Capability of pre-filtration system to reduce load of 
the main filter  
Experiments 4, 5, 6 and 7 were done to study effects of 
pre-filtration (Figure 4). In the first two experiments the 
pressure difference over the filter element increased due 
to the slight biological and particle contamination. In the 
last two experiments the pressure difference over the 
filter element increased due to the slight particle and 
intense biological contamination. 
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Figure 4 Development of pressure difference over 
R1F100 filter element (Experiments 1 to 7) 

 
 

Pre-filtration was not necessary in case of pure water, but 
the advantage was clearly seen, when water was 
biologically contaminated. Absolute amount of biological 
contamination had a significant effect on the pressure 
difference over the 10µm filter element. The 
determination of this effect is really difficult, because 
microbial growth can not be precisely predicted in 
complex water hydraulic systems. In figure 5, the 
development of pressure difference in the experiments 6 
and 7, the re-runs of them (experiments 8 and 9) and also 
a reference experiment [5] are shown. 
The relative addition of R2A and temperature were the 
same in all experiments, in order to keep the environment 
as equal as possible. Only things which were changing 
were the quality of the tap water and the volume of the 
water in the system. In point of view microbiology the 
cell numbers were almost the same, when thinking the 
accuracy of the measuring and analysing methods and the 
nature of the microbial growth. Even in the laboratory 
conditions the effect of the microbial growth was not 
constant, which was seen when comparing experiments 6 
and 8 and experiments 7 and 9. 
When R2A was added the first time there no significant 
differences between the experiments, but the second 
additions change the situation and give a clear indication 
that pre-filtration reduces a load of the main filter when 
absolute amount of the biological contamination is 
considerable. This is mostly due the larger surface areas 
of the filters in the system. 
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Figure 5 Development of pressure difference over 
R1F100 filter element (Experiments 6 to 9 and reference) 

 
 
Effect of organic contamination on 90 µm filter 
element 
Figure 6 shows how pressure difference over 90 µm filter 
element changes during experiments with pure water or 
biologically contaminated water.  
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Figure 6 Development of pressure difference over 
R1F900 filter element (Experiments 4 to 9) 

 
 



Biological contamination does not have significant effect 
on R1F900 filter. Average change of pressure difference 
was about 0.04 bar, which very low when compared with 
that of the 10 µm filters (Figure 5). Low flow volumes 
(43 l/min@3 parallel filters) through filters partly 
explained the difference. It has been observed that 
microbial attachment likely occurs in areas of low flow 
velocities [6].  In this case, the low flow velocity was not 
the problem. 
Utilization of microbial growth to improve filtration 
ratio of 90 µm filter element 
90 µm filter element is not capable of keeping particle 
contamination under control, because of its large bore 
size. On the other hand the 90 µm filter element has no 
pressure loses even then when it is loaded by organic 
contamination.   
 
 

 
 

Figure 7 Biologically contaminated R1F900 filter 
element 

 
 
In figure 8 is shown the changes in pressure differences 
over pre-filters and main filter (Experiment 10) are 
shown.  
The most interesting outcome was that the main filter (90 
µm) did not get clogged at all. The changes in pressure 
difference over pre-filters were mainly caused by flow 
restriction in the parallel line where the pre-filter number 
three was connected. During experiment 10 the flow 
tripled in that line. 
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Figure 8 Development of pressure difference over 

R1F900 and R1F100 filter elements (Experiment 10) 
 
 

In figure 9 experiment 11 was aborted because R1F900-
element was not capable of filtering ISOMTD. Particle 
counts stayed in absolutely to high level and experiment 
was stopped to protect test equipment. 
 
 

Effect of ISOMTD

0.7

0.75

0.8

0.85

0.9

0.95

1

0 5 10 15 20 25 30 35 40

ISOMTD sum[g]

Pr
es

su
re

 d
iff

er
en

ce
 [b

ar
]

Clean 1 week R2A 2 weeks R2A

 
 

Figure 9 Development of pressure difference over 
R1F900 filter elements (Experiments 11, 12 and 13) 

 
 
In experiments 12 and 13, there were not significant 
changes in pressure differences, but in experiment 12 
ISO 4406 –glass was about 15/12 and in experiment 13 it 
was 11/8. This showed that 90 µm filter significantly 
improved its filtering grade, when biological 
contamination was introduced into the filter. At the same 
time the pressure difference was equal to clean filter 
element, when accuracy and resolution of measuring 
devices were taking into account. 
The combined effect of biological and particle 
contamination in case of 10µm filter has been reported 
very problematic [7]. Figures 10, 11 and 12 show how 
quick 10 µm filters have got clogged due to combined 
effect of biological and particle contamination. In these 



experiments, R2A and ISOMTD were added in three 
different ways into the system. 
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Figure 10 Development of pressure difference over 
R1F100 filter element (R2A addition on the 8th day) [7] 
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Figure 11 Development of pressure difference over 
R1F100 filter element (R2A addition on the 6th day) [7] 
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Figure 12 Development of pressure difference over 
R1F100 filter element (R2A addition on the 1st day) [7]  

 
 

This kind of combined effect of particles and biofilm was 
not seen in experiments 11, 12 and 13 (Figure 9). This 
indicated that R1F900 –elements were working in 

acceptable way (low pressure losses and low ISO-
glasses), when organic contamination was present. In 
full-scale industrial applications the organic 
contamination is often present. This fact gives a 
possibility to consider using filter elements, which have 
larger bore sizes, because biological contamination 
improves the filtration ratio quite fast.  
 

CONCLUSION 
 
Experiments showed that when using pure water tank 
size is not important, but it is also known that microbial 
attachment likely occurs in areas where low flow 
velocities are, resulting in conclusion that unnecessary 
big tank construction may increase microbial problems. 
Pre-filtration is not necessary in case of pure water, but 
the advantage is clear, when water is biologically 
contaminated.  
Combined effect of particles and biofilm can be reduced 
by using R1F900 –elements, which are working in 
acceptable way (low pressure losses and low ISO-
glasses), when organic contamination is present. 
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ABSTRACT 
 
In hydraulic manipulator applications effective joints movement range of above 180° is often needed. Vane actuator has 
maximum movement range about 270°. However, water hydraulic vane actuators are quite expensive to manufacture. Thus 
we investigate a possibility to use so called chain drive instead of vane actuator. Chain drive consists of two cylinders which 
are connected in series with a chain. Reduced model for chain-drive equals to symmetric cylinder and can be compared with 
a vane actuator of same size. Concerns with chain drive are the smoothness of sprocket turning around, stiffness of the chain 
and minimum required back-pressure level for keeping chain tension. In this paper a chain drive is designed, built and 
tested. We also compare chain drive's and vane actuator's properties mathematically from control point of view. We can 
conclude that chain drive's characteristics almost equal with vane actuator and it is much more cost effective. 
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NOMENCLATURE 
 

HK  :hydraulic stiffness 
 B     :bulk modulus 

2A    :cylinder’s piston rod side area 

0V    :pressurized volume 
R      :sprocket’s radius 
 

 
 
 
 

Nω  :natural frequency 

Nd    :damping factor 
J       :load’s inertia 
D      :radian volume of vane actuator 
 
 



INTRODUCTION 
 
Hydraulic manipulator applications often require 
effective rotary joint movement range over 180 degrees. 
Most often, however, rotary manipulator joints are driven 
by cylinder which limits the maximum movement range 
to about 120 degrees. With the aid of four-bar 
transmission linear cylinder driven rotary joint can 
extended from 120 degrees close to 180 degrees. Four-
bar transmission is a widely used in elbow joints of 
heavy-duty hydraulic manipulators. However, as four-bar 
transmission consists of at least two additional rotary 
joints and links, the kinematic calibration and tolerance 
issues in robotic applications requiring high accuracy can 
easily become a problem.       
  
An alternative for linear actuator driven joints is vane 
actuator which has maximum movement range is about 
270 degrees. In heavy-duty oil hydraulic manipulators, 
however, vane actuators are seldom used. This is mainly 
because in these applications a low leakage and low price 
actuators are required. Low leakage requirement usually 
makes vane actuator seal friction level relatively high and 
thus limits the usability of the actuator. Still another 
drawback of vane actuators is that leakage across vane 
seal makes e.g. lock-valves ineffective in hydraulic load 
holding functions. Hydraulic cylinder actuator can be 
considered zero leakage actuators and thus load holding 
functions for them have proven to be effective.   
 
However, in smaller scale purpose build hydraulic 
manipulator applications with a workspace less than 1-2 
meters, vane actuators have proven to be effective 
solution due to robust design, compact size and large 
joint range. On the other hand, in water hydraulic 
applications vane actuator has some weaknesses. This is 
because water's viscosity is about ten times smaller than 
oil's which led to tight tolerances in manufacturing. This 
makes manufacturing of water hydraulic vane actuators 
quite expensive. Also as mentioned above leakage across 
vane seal makes e.g. lock-valves ineffective in hydraulic 
load holding functions. On the other hand, as well 
known, leakage cross actuator seal improves the 
dampening of the actuator, but it decreases position 
accuracy. 
 
Because of above mentioned weaknesses vane actuators 
have, we investigate in this study a possibility to use 
cost-effective chain drive for rotary joint actuation. Chain 
drive consists of two hydraulic cylinders which are 
connected in series with a chain. Reduced model for 

chain-drive equals to symmetric cylinder and thus can be 
easily compared with a vane actuator of same size. 
 

HYDRAULIC ROTARY CHAIN DRIVE 
 
The schematic of chain drive actuator is shown in Figure 
1. Chain drive consists of two hydraulic cylinders which 
are connected in series with a chain and rotate a sprocket. 
Cylinder rodless sides are connected to tank and a 
servovalve is connected to rodsides of the cylinders. 
Reduced model of the chain actuator therefore equals to 
symmetric cylinder, making open-loop gain of the system 
equal to both directions. As well known, for example 
with zero load and critically lapped symmetric four way 
servovalve, the steady state pressures of symmetric 
cylinder chambers are equal to Ps/2 (supply pressure 
divided by two). Therefore, adequate chain tension can in 
some cases always be guaranteed if the application 
specifications are well known. This could be a case for 
example in some relatively low speed application. If the 
application specifications are not known exactly or the 
application requires for example high accelerations, 
minimum chain tension has to be provided for example 
with external pressure reducing valves, as shown in 
Figure1. Downsides of the back pressure provided by 
pressure reducing valves is that they limit available 
torque output range of the actuator and make actuator 
design less compact. In addition to adequate back 
pressure function, chain design is of high importance. If 
the chosen chain stiffness is less or about the same 
magnitude as the stiffness of hydraulic cylinder, the 
result is complex 5 th order system that makes controller 
system design tedious task. Therefore, usual rule of 
thumb design requires that chain stiffness has to at least a 
decade higher than corresponding hydraulic stiffness.  
 



 
 

Figure 1 Schematic of chain drive 
 
 
Prototype chain drive actuator design was based on 
following design parameters, which allow comparison 
with the vane actuator of approximately the same torque 
output.   
 

- Maximum torque output of 525 Nm when 
maximum available supply pressure of 210 bar 
and back-pressure is  52 bar 

- Maximum velocity of 180 deg/s with QN=6.8 
l/min 

- Maximum joint motion range of 275 deg.  
 
Based on above specification, the following design was 
made. 
 

- Two water hydraulic cylinder 32/25 - 550 
- Triple chain wheel’s with 42 teeth 
- Distances between teeth are 15.875mm 
- Sprocket radius of 106 mm. 

 
With above design parameters following specification for 
chain drive actuator were achieved. 
 

- Maximum torque 525Nm 
- Maximum velocity of 195 deg/s  
- Maximum joint motion range of 298 deg.  

 
ACTUATORS PROPERTIES 

 
The dynamic performance of the any hydraulic actuator 
is limited by its hydraulic natural frequency that is a 

function of load mass and actuator hydraulic stiffness. 
Since the load of the both actuators is the same, the 
stiffness of the actuator will define the natural frequency 
of the actuators. Equation for hydraulic torsional stiffness 
of the vane actuator at its minimum value is [1]: 
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For cylinder driven chain actuator, the minimum 
hydraulic torsional stiffness is obtained: 
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Vane actuator’s and chain drive’s natural frequency:  
 

J
K H

N =ω    (3) 

A prototype vane actuator was build with following 
spefication. 
 
Following design was made:  
 

- Ø 57mm axis 
- Ø 83mm chamber 
- 55 mm width 
 

Following properties were achieved. 
 
- Maximum torque is 525Nm 

- 
rad
mD

3
510503.2 −×= . 

- Maximum velocity 
s

v deg43=  

 
For vane actuators it is convenient to integrate servovalve 
directly to vane actuator housing. Water flow paths are 
inside the chamber with diameter of 4mm and maximum 
length of 100mm. When vane actuator is at its middle 
position, its total pressurized volume is 

. For testbed load mass was 30kg at 
end of one meter long rod making its inertia 
about . Water bulk modulus is about 
1500MPa. These values result minimum natural 
frequency of 

35
0 100.8 mV −×=

230 mkgJ ×=

HzN 5.4=ω for vane actuator. 
Chain drive characteristics are given above. Servovalve is 
connected to cylinders with Ø4mm – 200mm pipe 
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making total pressurized volume equal to 
. These values result minimum 

natural frequency of

35
0 10113.8 mV −×=

HzN 9.4=ω for chain drive. 
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Figure 2 Natural frequencies of two actuators 
 
 
Natural frequencies of two actuators as a function of 
actuator movement are plotted in Figure 2. From Figure 2 
it can be seen that natural frequencies of the both 
actuators are about the same. The dampening of the 
hydraulic actuator is usually in the range of 0.05 - 0.2 and 
its value is hard to predict by theoretical analysis like 
given for example in [1]. However, the effective 
dampening ratio of the chain drive is expected to be 
lower than it is with vane actuator due to the relatively 
high cross seal leakage of the vane actuator [2]. Of 
course the dampening of the chain drive can be increased  
with leakage orifice across valve ports. However, leakage 
orifice will then destroy load holding functions that are 
required in robotic applications.  
 
According to leakage measurements made with previous 
vane actuator prototype with nominal torque output of 
1000Nm, the measured leakage factor across vane 

was MPa
s

mCLEAK

3
7107.1 −×=  in 35°C temperature 

and 210bar pressure difference. If we assume that 
leakage coefficient is directly proportional to achieved 
torque, then it will reduce 50% from above value. 
However, for chain drive there is hardly any leakage. 
Once available, measurements with lock valves will be 
performed to verify the load holding functionality of both 
actuators.   

 Open loop gain rules the static accuracy of the actuators.  
Maximum gain for hydraulic drive: 
 

nndK ω2max =    (4) 
 
According to Fig 2. natural frequency is little bit higher 
for chain drive. Damping factors are difficult to estimate, 
but they are about 0.2 for both actuators. Then maximum 
gain for vane actuator is 11.3 and chain drive =maxK

=maxK 12.3. In theory both actuators static accuracies 
are almost same.   
 

MEASURED RESULTS 
 
Measurements were carried out with a chain drive testbed 
shown in figure 3. The testbed specifications were given 
above. Required nominal torque output of 525 Nm can be 
obtained with back pressure value of 5.2 MPa and 
therefore it was used in the experiments. It seems to be 
enough for this kind solution.  
 

 
 

Figure 3 Chain drive testbed 
 
Open loop natural frequency of vane actuator was 
measured by “hammer test” when load arm was in 
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horizontal position. From Figure 4, it can be seen that 
approximate natural frequency is about 5Hz making 
above natural frequency theory presented valid.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Natural frequency of chain drive actuator 
 
Sprocket turning smoothness measurement test was done. 
Cylinder position was measured with linear encoder. 
Sprocket position was measured pulse encoder with 5000 
pulse per round and it was interpolated to 25 – fold. As 
we can see there are some speed variations. Cylinder 
positions 24mm and 38.5mm and something over 50mm 
there are higher peaks. This is approximately same as 
teeth gap. Anyway greatest peak is about 0.6% above 
mean value. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Sprocket turning smoothness 
 

Simple proportional position controller was also tuned 
and measured in order to verify chain drive actuator 
dynamic performance under control. Step signal was used 
as reference. Controller gain was half of the maximum 
value given by stability criteria.  
 
First measurements were done so that arm was driven to 
downwards. In next figures 6 and 7 position responses of 
the chain drive are shown. Static accuracy is 0.025 
degrees in first response and -0.05 degrees in second 
response. So accuracies are relatively good to both 
directions  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6 Step response and tracking error from 30 to 0 
degrees 

 
 
 
 
 
 
 
 
 
 
 

 
 
 

Figure 7 Step response and tracking error from -30 to 0 
degrees 
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In figures 8 9 are shown next measurements. They were 
done so that arm was driven to horizontal position. Static 
accuracies are not as good as in previous measurement 
due to load force caused by gravity. In first response it is 
0.25 degrees and second response it is 0.32 degrees. 
Valve inner leakage can affect worse accuracies. It can be 
noticed that gravity force causes some oscillation when 
arm is driven from 120 deg to 90 deg. When arm is 
driven to other direction oscillation is much less. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 8  Step response and tracking error from 60 to 90 

degrees 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
Figure 9 Step response and tracking error from 120 to 90 

degrees 
 

Based on measured results it can be assumed that 
designed chain stiffness seems to be adequate because it 
is invisible in position control measurements.   
 

CONCLUSIONS 
 
In this study new water hydraulic chain drive actuator 
was designed and tested. Chain actuator design was 
compared with vane actuator design of very similar 
design characteristics. Chain drive is a relatively 
inexpensive to build and zero-leakage actuator with 
satisfactory motion range of above 270 degrees. Zero-
leakage characteristics are very important for load 
holding functionality point of view. The down side of the 
chain drive design is that its size is much bigger than 
vane actuator with similar maximum torque output and 
motion range. However, in many cases relatively big size 
of the actuator is not a problem. For example, sometimes 
chain drive actuator can be fitted e.g. into manipulator 
arm link. However, water hydraulic chain drive actuator 
is proved to very useful new actuator type when rotary 
motion range above 200 degrees is required at low cost 
and with zero-leakage characteristics.   
 
This study was our first one concerning water hydraulic 
chain drive. Our future plan is to test different sprocket 
and cylinder radius combinations so that natural 
frequency is always same. Also some different hydraulic 
connections will be tested. 
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ABSTRACT 
 

A water drive spindle for diamond turning machines is proposed. The spindle uses water flow for driving the rotor by a 
water drive motor, for supporting the rotor by water hydrostatic bearings, as well as for coolant. As water is not only 
incompressible and clean but also low viscosity fluid, it is considered that a high-speed and precise rotational motion 
will achieve in the clean environments for ultra-precision machinings. The present paper reports a structure of the 
spindle as well as the operational principle of the spindle. In the present paper, theoretical equations used for designing 
the spindle is derived. The characteristics of the spindle are studied theoretically and experimentally. 
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 INTRODUCTION 
 

A high-speed hydraulic motor has been presented in our 

studies[1]-[3]. The performances of the motor have been 

studied theoretically and experimentally. In the 

experiments, the developed motor was driven by oil. 

However, the motor was designed so that it can be 

driven by not only oil flow but also air or water flow.  

Based on the studies concerning the high-speed 

hydraulic motor, a water drive spindle is developed in 

the present study. A final goal of the present study is to 

apply the water drive spindle for the ultra precision 

machine tools, such as a diamond turning machine or a 

diamond grinding machine. 

The spindle for the ultra-precision machine tools is 

required the following performances: (i) high rotational 

speeds, (ii) precise rotational motion with small run-out, 

(iii) large stiffness of the bearings and (iv) small thermal 

deformation of the spindle.   

In order to attain the precise rotational motion, 

conventional spindles for the ultra-precision machine 

tools are commonly equipped with the air static pressure 

bearings and the electric built-in motor. In fact, 

precision machining can be performed by the 



conventional spindle with a precision guide way and a 

single crystal diamond cutting tool.  

Now, a further improvement of the machining accuracy 

is required. As a result, an advanced spindle is needed to 

achieve higher machining accuracy. From such 

viewpoint, the air static pressure bearings are not 

necessarily suitable to design the spindle with a large 

stiffness, because of the compressibility of air. Another 

problem of the conventional spindle is the heat 

generation at the built-in motor that induces the thermal 

deformation of the spindle.  

In order to increase the stiffness of the static pressure 

bearings, the bearings are, in general, designed as 

follows: (i) the clearance of the bearings is small, (ii) 

the area of the bearing surfaces where the pressure acts 

is large. Accordingly, even small thermal deformation of 

the spindle, due to the heat generation at the built-in 

motor, will cause the mechanical contacts between the 

rotor and casing, which usually causes serious problems.  

It is considered that a solution for designing advanced 

spindle is to use water for the lubricant fluid of the static 

pressure bearings, because water is the incompressible 

fluid with low viscosity. In addition, it will be also 

advantageous to use water for the coolant as well as the 

lubricant fluid, because the thermal conductivity of 

water is higher than that of air and oil.  

In addition to the effective utilization of the water flow 

for the lubricant and coolant, the present paper proposes 

to use the water flow for driving the spindle. A basic 

design for driving the spindle, named as the water drive 

motor, has been studied in our previous studies[1]-[3]. The 

water drive motor can be easily built in the rotor in 

place of the electric built-in motor.  

The present paper first describes the operational 

principle of the spindle as well as theoretical equations 

of the spindle that are essential for the design of the 

spindle. Spindles that have different rated powers and 

rotational speeds are studied theoretically and 

experimentally. 

  

WATER DRIVE SPINDLE 

 

A structure of the water drive spindle is illustrated in Fig. 

1. The spindle rotor is supported by the water 

hydrostatic bearings in the radial and axial directions 

and it has several flow channels inside the rotor. In 

order to lead water into the rotor, relatively large 

channels in the radial directions are present in the 

middle of the rotor. Water flows inside the rotor, 

because the main channel passes through the center of 

the rotor in the axial direction and several flow channels 

are fabricated for passing the water out from the main 

channel. The spindle is designed so as to use the water 

flow effectively to achieve the following three spindle 

functions. 

(i) Water drive motor     The spindle rotor has 

bend-shaped channels of small diameter, named as the 

exit channels, connecting between the main channel and 

the outer surfaces of the rotor. As illustrated in Fig. 1, 

the exit channels are located at two cross sections of the 

rotor. These exit channels enable the water flow to pass 

out from the inside of the rotor. The direction of the 

water flow changes significantly in the exit channels. 

Consequently, the torque used to spin the rotor is 

generated by the large change in the angular momentum 

of the water flow.  

(ii) Water hydrostatic bearings     Water hydrostatic 

journal and thrust bearings are designed as follows. 

Recesses are formed on the outer surfaces of the rotor. 

In addition, chokes of the bearings are located between 

the recesses and the main channel. Hence, the lubricant 

 



 

 

 

 

 

 

 

 

(a) Spindle structure 

 

 

 

 

 

 

 

(b) Exit channel 

Fig. 1 Water drive spindle 

 

water can pass out from the main channel through the 

chokes and the recesses in the radial and axial directions. 

This generates the static pressure distributions around 

the rotor to support the rotor. 

(iii) Water cooling     In addition to the working and 

lubricant fluid, water can be used as a coolant, to 

minimize the thermal deformation of the spindle. The 

thermal conductivity of water is higher than that of oil 

and air, which is an advantage for achieving better 

cooling performance. 
 

THEORY 

 

Primary configurations of the spindle are given in Figs. 

1(a) and (b). The output torque Tl generated by the 

water flow rate q through one of the exit channels can 

be expressed by Eq. (1). 

( )

2 2 33
1 2 1

4 4
1

22
2 2

                                                                  (1)

jm m e
l

m m j e

th

th

Ll L L
T n q q R R R

A h h h

R R
h

ρ ω ω µπ ω

µπ
ω

= − + − + +

− −

  
       

Here, ρ is the density of the water, µ is the viscosity of 

water and n is the number of the exit channels at a cross 

section of the rotor. 

The pressure drop in the exit channels is dominant 

compared to that in the other channels. Hence, the 

relationship between the supply pressure ps and the flow 

rate q can be represented as 
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=                      (2) 
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In Eq. (3), λ is the friction factor and ζ1 and ζ2 are the 

resistance coefficients of the exit channels. The leakage 

flow in the clearance between the casing and the rotor 

can be represented as 
3

1

6
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l s
m

h R
q p

L
π

µ
=       (4) 

Thus, the flow rate of the water drive motor is given by 

( )2m lQ nq q= +        (5) 

The stiffness of the journal bearing can be given by 

12
j j jr

j

BR
K P p

h
=      (6) 

where, jP is a characteristic parameter determined by 

the pressure distribution on the journal bearing surface 

and pjr is the recess pressure of the journal bearing. The 

flow rate of the journal bearing can be represented by 
3

j j
j jr

h
Q p

µ
Θ

=      (7) 

where, Θj is a coefficient expressing the pressure flow 

relationship at the journal bearing surface. 

Similarly, the stiffness and the flow rate of the thrust 
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bearing are given by 
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where, pthr is the recess pressure of the thrust bearing, 

and Πth is a characteristic parameter determined by the 

pressure distribution on the thrust bearing surface, and 

Θth is also a coefficient expressing the pressure flow 

relationship at the thrust bearing surface. These 

coefficients jP , Θj, Πth and Θth in Eqs.(6)-(9) can be 

obtained by solving the Reynolds’ equation. 

The total flow rate of the spindle is given by  

2t m j thQ Q Q Q= + +     (10) 

Finally, the total efficiency of the spindle can be 

represented as 

 l

s t

T
p Q

ω
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DESIGNED SPINDLE 

 

For designing the spindle, the rated performances, such 

as the output power, rotational speed and bearing 

stiffness, are specified. Accordingly, a designer has to 

determine the spindle dimensions so that the designed 

spindle attains, at least, the given rated performances. In 

addition, the designer is required to determine the 

optimum dimensions, which maximize the total 

efficiency of the spindle given by Eq. (11). In the 

present study, software for determining the optimum 

parameters has been developed based on the equations 

derived in the previous section. 

In the present study, two spindles with different rated 

performances, named as Spindle 1 and Spindle 2, are 

designed using the software. The rated performances of 

the spindles, such as the output power Pr; the rotational  

 

 

 

 

 

 

Fig. 2 Developed water drive spindle 

 

speed Nr; the stiffness of the journal bearing Kjr; and the 

stiffness of the thrust bearing Kthr, are specified as 

follows: 

(i) Spindle 1: Pr =50 W, Nr =10,000 rpm, Kjr =47 N/µm 

and Kthr = 12 N/µm 

(ii) Spindle2: Pr =40 W, Nr =4,000 rpm, Kjr =85 N/µm 

and Kthr = 33 N/µm  

The developed spindle is shown in Fig. 2. Figures 3(a) 

and 4(a) show calculated output power. For example, 

Fig. 3(a) shows the output power of the Spindle 1. In 

this case, it is observed that the rated performance can 

be obtained when the total flow rate is 31.7 l/min. 

Similarly, the output power of the Spindle 2 becomes 40 

W at 4,000 rpm by supplying the flow rate of 33.4 l/min, 

as shown in Fig. 4(a).  

The total efficiency of the spindles are given in Figs. 

3(b) and Figs. 4(b) as well. A disadvantage of the 

spindle is that the total efficiency is particularly low. It 

has been shown that a primary reason is the large 

pressure drop in the exit channels [3]. 

 

EXPERIMENTS 

 

Experimental setup  A schematic of the experimental 

setup is shown in Fig. 5. A water-piston pump was used 

to supply water to the spindle. A rotational speed of the 

spindle was measured by the pulse frequency from a 

photoelectric sensor that outputs one pulse per a rotation 

 



 

 

 

 

 

(a) Output power           (a) Output power 

 

 

 

 

 

(b) Efficiency              (b) Efficiency 

 

   

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

Fig. 6 Qt vs. ps            Fig. 7 Qt vs. N  

 

of the rotor. A water temperature control unit was 

equipped with a reservoir tank of water. Tap water was 

used for the experiments. During the experiments, the 

water temperature was controlled in the range from 19.8 

to 20.8 degrees Celsius. 

Experimental results   As shown in Fig. 6, the 

highest supply pressure was approximately set to 2.3 

MPa in both experiments. Figure 7 shows the 

relationships between the total flow rate and the 

rotational speed N. The results show the spindles can 

reach their rated spindle speeds.  

The solid lines in Figs. 6 and 7 represent calculated 

rotational speed and supply pressure, i.e. pressure drop 

in the exit channels. It is observed that the supply 

pressure calculated with Eq. (2) differs significantly 

from the pressure measured in the experiments. It is 

considered that the friction factor and the resistance 

coefficients[4] used for the calculations did not represent 

well the actual pressure flow relationships. 

The calculated rotational speed also differs from the 

experimental results. As it is obvious from Eq. (1), once 

the primary dimensions of the spindle were determined, 

the flow rate q becomes the significant factor that 

determines the rotational speed. Furthermore, the flow 

rate q is determined by the recess pressures prth and prj, 

and Θj, Θth as well as the supply pressure ps. The recess 

pressures prth and prj are determined by the pressure 

flow relationships of their chokes and  Θj, Θth. Therefore, 

the results show that the characteristic values have to be 

measured in order to obtain better calculation results.  

Stiffness of the water hydrostatic bearings was 

measured and then compared with the designed values. 

The relationships between the displacement and the load 

are shown in Fig. 8(a) and Fig. 9(a). The characteristics 

were measured for several supply pressures. The 

relationships between the supply pressures and the 

stiffness are shown in Fig. 8(b) and Fig. 9(b), 

respectively. We can observe that the stiffness increases 

in proportion to the increase in the supply pressures. At 

the rated operational condition, measured stiffness of 

the thrust bearing was 32 N/µm, which agrees well with 

M M 
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the theoretical value of 33 N/µm. 

Stiffness of the journal bearings was measured as 7.7 

N/µm. In the experiments, however, the loads were 

applied to an end of the rotor, which induces the 

moment effects on the bearings. Removing the moment 

effects from the original measured data, the stiffness in 

the radial direction becomes 49.0 N/µm per journal 

bearing. Since two journal bearings are present at both 

ends of the rotor, the total stiffness of the bearings in the 

radial direction becomes 98.0 N/µm. In contrast, the 

theoretical value of the stiffness was 87.9 N/µm. It is 

considered that the difference between the measured and 

theoretical values comes from the influence of the 

pressure flow relationships of the water hydrostatic 

bearings.  

 

CONCLUSIONS 

 

A water drive spindle for diamond turning machines 

was presented in this paper. The water drive spindle is 

designed so as to use water flow for driving, supporting 

and cooling the spindle. In the present paper, theoretical 

equations that are essential in designing the spindle 

were introduced. The characteristics of the spindle were 

studied through theoretical calculations and experiments. 

Two water drive spindles with different rated 

performances were designed and tested. The results 

showed that both of the spindles rotate at over the rated 

spindle speeds. It was shown that calculated 

performances of the spindles were not good agreed with 

the experimental results, due to luck of the experimental 

data on the pressure flow relationships of various flow 

channels of the spindle. Stiffness of the water 

hydrostatic bearings were also measured and the results 

were good agreed with the design values.  

 

 

 

 

 

 

 

 

 

 

 

 

(b) ps vs. stiffness           (b) ps vs. stiffness 

Fig. 8 Bearing stiffness      Fig. 9 Bearing stiffness 

(journal bearing)           (thrust bearing) 
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ABSTRACT 
 

As water hydraulics is more and more highlighted in wide applications, many varieties of research on design, materials 
and manufacturing methods of water hydraulic components have been carried out. Especially, water hydraulic piston 
pump used to be the subject of study in relation to its relative sliding movement. In these relative sliding parts, the 
leakage and friction probably took place because of the characteristics of low viscosity and poor lubrication of water. In 
order to reduce the leakage and friction, the relative sliding parts are filled up nearly by using engineering plastic as an 
anti-wear material on sliding parts. Compared with an oil hydraulic system, a water hydraulic system has fundamental 
disadvantages of large friction, high leakage, high wear, corrosion, etc. A mechanism of rod type piston was considered 
to reduce friction of the piston's movement in a water hydraulic piston pump. Friction and leakage of the rod type piston 
was analyzed and compared with those properties of the conventional plunger type piston. An experimental device was 
set up to evaluate friction and leakage of those pistons. A PEEK piston was also tested as another alternative piston of a 
water hydraulic pump.  

 
 

KEY WORDS  
 

Water hydraulics, Piston, Pump, Birfield joint 
 
 
 

NOMENCLATURE 
 

A : contact area of viscous friction 
c : radial clearance 
d : diameter of piston 
e : eccentricity of piston 
Fc : coulomb friction force 
Ff : total friction force 
FL : lateral force 
FR : reaction force under piston shoe 
Fv : viscous friction force 

h : thickness of oil film 
L : passage length 
L1 : overlap length of piston 
L2 : overhang length of piston 
Pd : discharge pressure 
r : tube radius 
v : velocity of relatively sliding  
α : inclination angle of tilting cam  
λ : coulomb friction coefficient  
µ : viscosity of oil  
ξ : inclination angle of piston rod 
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INTRODUCTION 

  
In order to save oil energy and protect the environment, 
it is needed to reconsider the use of the existing oil 
hydraulic system, which uses a petroleum fuel. As a 
result, a water system is aroused our interest again in 
power transmission, and recently various studies have 
been conducted on water hydraulic systems that use a 
water as a hydraulic fluid, since water has cleaner and 
more economic advantages, as well as excellent safety 
against fire, ease of access, convenient management, 
and easy recycling, than oil. [1] 
The most basic component in an oil or water hydraulic 
system is a pump, which make and supply the power on 
system. And, almost pump in water hydraulic system is 
adopted the piston pump for more high pressure on the 
system, when compares to other types. The water 
hydraulic piston pump is almost the similar structure of 
oil hydraulic piston one. However, the water hydraulic 
piston pump requires special design concepts for each 
sub components due to the difference in 
physicochemical properties between oil and water. [2] 
Also, these researches on water hydraulic components 
and systems are made actively in Kitakawa Lab. of 
Tokyo Institute of Technology, Ikeo Lab. of Sophia 
University, and Sanada Lab. of Yokohama University, 
etc. In addition, the Nessie Water Hydraulics of Danfoss 
in Denmark and the Ebara Research Institute in Japan 
are producing and selling water hydraulic systems as 
well as pumps/motors, actuators, and valves. 

 
PISTON AND BIRFIELD JOINT 

 
In conventional piston type pumps, the plunger type 
piston is mostly used. But high friction is occurred 
between plunger type piston and cylinder bore through 
relative sliding movements, as shown in Figure 1. 

 
 

 
Figure 1 Tilted movement of the plunger type piston 

 
 

 
Figure 2 Parallel movement of the rod type piston 

 
Because friction and wear results from the lateral force 
on the edge of both ends of a plunger type piston is 

highly intensive, there is a need for another piston 
design that can reduce this lateral force.  
In this paper, as a method to reduce the lateral force, rod 
type piston with a ball-socket joint of both 
spherical-surface ends, as shown in Figure 2, is applied. 
This will be make dispersion the concentrated load on 
the edges by offsetting the lateral force from the 
spherical joint, even though the piston is affected by the 
lateral force as it moves in the bore of the cylinder 
block. 
However, the rod type piston requires an assisting 
mechanism for special operation. Generally, the plunger 
type piston is acted on the lateral force when the pump 
shaft rotates and the piston shoes slides on the swash 
plate, but the rod type piston is rotated and moved not 
by the lateral force but by the structural combination of 
the tilting cam and Birfield joint. Birfield joint is located 
between the pump shaft and the tilting cam, as shown in 
Figure 3, and supported to rotate with constant velocity. 
 
 

 
 

Figure 3 Birfield joint applied on a rod type piston and 
tilting cam 

 
Besides, for smoother operation, the hydrostatic 
bearings are applied to the sliding components. 
Figure 4 shows the rotary group of water hydraulic 
piston pump proposed in this study.  
 
 

 
 

Figure 4 Water hydraulic piston pump consist of rod 
type piston and Birfield joint 



 
FRICTION 

 
Coulomb Friction of Plunger Pistons 
In a plunger type piston pump, the power is transmitted 
through the side of the piston so that a strong lateral 
force is generated.    
As shown in Figure 5, the lateral force takes or the 
strong concentrated force acts on each end of the piston, 
which is tilted to the side. The large concentrated force 
at the contact point makes coulomb friction and the 
viscous friction generated equally around the piston. 
The coulomb friction force is expressed the following 
Equation (1). 
 

2121 LLccc FFFFF ⋅+⋅=+= λλ       (1) 
 
Here, λ  represents the coulomb friction coefficient.  
 
 

 
 

Figure 5 Inclined shape of the plunger piston in 
transferring the lateral force 

 
In order to predict the effect of the coulomb friction, the 
equilibrium equation of the force can be used for the 
analysis.  
From the equilibrium equation of the y-axis force and 
the moment for the zero point, it can be expressed as 
follows: 
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The moment equilibrium equation in Equation (3) 
omitted the viscous friction because the viscous friction 
that works around the piston is proportionally 
distributed in the center point of the piston, zero. 
If, , which is the force applied to the piston shoe 
from the swash plate, is to be measured with the load 
cell, it is useful to express the coulomb friction 

 for . If the coulomb friction is induced 

using Equation (1), (2), and (3), it is as follows:   
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Equation (4) shows that the coulomb friction on the 
piston can be expressed with the proportion function of 

, which is the force on the piston shoe from the 
tilting plate. In addition, the proportion coefficient is the 
value determined with the size and friction coefficients 
of the piston.  

RF

The coulomb friction force on the plunger piston is 
determined by the tilting angle of the swash plate, and 
the tilting angle usually ranges from 14 degrees to 18 
degrees so it has a very large friction force.  
In the motion equation for the piston movement 
direction (x-axis direction), if the inertia force and 
friction force of the piston are to be ignored, since they 
would be smaller than the force of the pressure, , 
the force on the piston from the swash plate can be 
approximated as follow:  
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When Equation (5) is substituted in Equation (4), it is as 
follows. 
 

απλλ tan
4

)21(
2

11

2 dP
L
d

L
LF dc −+≈     (6) 

 
This shows that the coulomb friction force on the 
plunger type piston increases in proportion to the 
discharge pressure of the pump.  
Coulomb Friction of a Birfield Joint and Rod type 
Piston 
The configuration of a pump that applied a Birfield joint 
and rod type piston shown as Figure 4. Most of the 
torque is transmitted from the main shaft of the pump to 
the tilting cam through the Birfield Joint. As shown in 
Figure 6, out of the reacting force generated from the 
tilting cam; )sin( ξα −RF  which is generates torque, 
is transmitted through the Birfield Joint, so there is no 
lateral force at the sides of the piston. 
The lateral force of the rod type piston, , is affected 
by the tilting angle, 

LF
ξ , of the piston rod. This can be 

expressed as Equation (7). 
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Usually, the tilting angle, ξ , ranges from ± 1° ~ ± 
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When Equation (5) is substituted to Equation (8), it 
becomes Equation (9).  
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The coulomb friction force of the rod type piston can be 
expressed with the proportion function of , the 
force on the piston shoe from the tilting cam. The 
proportion function is very small due to the small effect 
of, and as a result, the coulomb friction is very small. 
Therefore, it can be determined that the rod type piston 
used in pump having the Birfield Joint has a smaller 
friction force than the force of the plunger piston, which 
is shown in Equation (6) and (9).[3],[4] 
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Figure 6 Force diagram of rod piston 

Vicious Friction of Piston 
 

Viscous Friction of piston 
The friction force, ,fF  in a normal hydraulic unit is 

combined from the coulomb friction force, cF  and 

viscous friction, . vF
 
                              (10) vf FF =

 
The viscous friction force generated from the united 
area between the cylinder bore and piston is as follows: 

 

=τ                  (11) 

Here, µ  refers to the viscosity and 
y
v
∂
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the speed inclination. The viscous friction force, , is 
expressed as follows. 
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Here,  refers to the contact area. The viscous 
friction force is irrelevant to the configuration of the 
piston. However, the rod type piston is very good for 
shortening the length of the contact point of the piston, 
L = . When the length of the contact point of the 
piston is shortened, the contact area becomes smaller so 
that it receives a smaller viscous friction force than the 
plunger type piston. 
 

LEAKAGE 
 

As shown in Figure 7, the dynamic viscosity of water is 
1/100 of that of petroleum oil (in a temperature of 20 ), ℃
so the leakage for the same clearance can be very 
different from that of oil.  
 
 

 
 

Figure 7 Kinematics viscosity of water and oil 
 
The clearance between the piston and bore can be 
expressed as Figure 8. The leakage equation, which 
determines the leakage of this clearance, is expressed as 
follows: [5] 
 
 

 
 

Figure 8 Clearance of piston and cylinder bore 
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The biggest factors that determine the leakage flow rate, 

, are the contact length and the clearance. Therefore, 
when considering the viscosity of water, the clearance 
between the piston and the cylinder should have a very 
small value and the contact length should be increased 
in order to reduce the leakage.  

Q

However, an increase in contact length increases the 
viscous friction force, so it is difficult to have the right 
contact length. Therefore, a precise processing 
technique that minimizes the clearance of the contact 
point is required.  
Equation (13) shows that the configuration of the piston 
is irrelevant to the leakage of the piston. However, the 
eccentricity ( e ) between the piston and the bore is 
affected by the configuration. As shown in Figure 5, the 
plunger piston has a maximum value for the eccentricity 
( e ) when the inside of the bore is tilted. Therefore, the 
leakage flow rate will have a maximum value.  
When the rod type piston and Birfied Joint are applied, 
the eccentric value ( ) would be relatively small and so 
the leakage flow rate would also be small. 

e

 
TEST 

 
Test Equipment 
As shown in Figure 9, 3 types of pistons were prepared 
for the test; plunger piston, rod piston, and PEEK 
plunger piston. In order to measure and compare the 
friction and leakage of these pistons, the test apparatus 
as Figure 10 was made. 
 
 

 
 

Figure 9 Three types of pistons for test 
 
 

 
① Connecting port of water hydraulic pump   
② Cylinder block  ③ Test piston  ④ Load cell  
⑤ Servo valve ⑥ Servo valve connector 
 

Figure 10 Schematic diagram of test apparatus 
 

Friction Test 
The test was done with water pressure of 10 bar, 20bar, 
30bar and 40 bar. In order to measure the friction, the 
sine wave signal was input to the servo value to move 
the piston. As mentioned in previous, the shape of the 
piston (whether it is plunger type, rod type, and PEEK 
material) affects the Coulomb friction and is irrelevant 
to viscous friction. Therefore, the research mainly 
performed tests to measure the Coulomb friction and 
compared the results. 
  As shown in Equation (6) and (9), the Coulomb 
friction can be determined with the force from the tilting 
cam to the piston shoe, . Therefore,   was 
measured using the load cell sensor.  

RF RF

The test was done on each piston in the same condition. 
The sizes of  3 types of pistons were all the same 
overhang length of piston. The cylinder bore and 
clearance sizes were all same. 
Results of Friction Test 
Figure 11 shows the signal graphs of load cell measured 
at the pressure of 30 bar. The signal of the plunger type 
piston changes greatly in proportion to the sine wave 
signal. The load cell signal is very high when the 
plunger piston enters the cylinder bore and it becomes 
low when the piston reverses from the cylinder bore. On 
the other hand, the rod type piston had lower load cell 
signal. There was hardly any difference in the signals of 
forward motion and reverse motion of the piston. 
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Figure 11 Load cell signals measured at the pressure of 
30 bar 
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Figure 12 Coulomb friction for three types of piston at 
the pressure of 30 bar 



  
Figure 12 shows the coulomb friction force for the three 
types of pistons. The friction of Figure 12 was 
calculated from the load cell signal of  Figure 11. 
Such test result matches the theoretical analysis. In 
other words, when the rod type piston is applied to the 
water hydraulic pump, the friction is very small and has 
excellent lubrication. 
The friction for PEEK plunger type piston is smaller 
than friction for metal plunger piston, but it is much 
larger than the friction for rod type piston even though a 
new material, PEEK is applied as a material of plunger. 
Leakage Test 
The leakage test was done along with the friction test. 
The leakage test was done after 30-second initial 
operation and the system was settled to steady state. The 
leakage amount was measured using a stop-watch and 
electric weight scale. The test was done on each piston 
in the same condition. The sizes of 3 types of pistons 
were all the same overhang length of piston. The 
cylinder bore and clearance sizes were all same. 
Results of Leakage Test 
Leakage is not related to the material of pistons. The 
leakage test was done only on plunger type and rod type, 
and Figure 12 shows the leakage flow measured at the 
test.  
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Figure 12 Comparison of leakage flow 

 
In 15 bar, the leakage flowrate of the rod piston doubled 
the leakage flowrate of the plunger piston when the 
piston is stopped. Even when the piston is operating, the 
leakage flowrate of the rod piston was four times greater 
than that of the plunger type. In 30 bar, the results were 
similar to the results in 15 bar condition.  
  The leakage of rod type piston was greater than the 
plunger type piston because the rod type piston was 1/2 
the length of the plunger type piston and the resistance 
length for the leakage flow was shorter.  
 In other words, the length of the piston should be 
extended in order to reduce the friction and leakage 
flow with the rod type piston.  
 

CONCLUSION 
 
In the plunger type piston pump, the lateral forces on 
the edges of the plunger piston are the source of friction 
and wear, so a ball socket joint piston rod with spherical 
surface ends was proposed. When the rod type piston is 
applied, it is rotated and moved by the tilting cam, so a 
Birfield joint was applied to the space between the 
pump shaft and the tilting cam as a constant velocity 
joint. 
The study examined friction in the piston and the 
cylinder for pumps with a plunger type piston and a rod 
type piston. As a result, the friction of the rod type 
piston was a lot smaller than the friction of the plunger 
type piston. The PEEK plunger piston has low friction 
compared to the metal plunger type piston but the 
friction is much larger than the friction of the rod type 
piston. The engineering plastic, PEEK, seems to be not 
so effective as the rod piston in reducing the friction of 
piston.  
The leakage flowrate is irrelevant to the structure of the 
piston but it is determined by the contact or overlap 
length and clearance between cylinder bore and piston. 
In the test of the research, the rod type piston had twice 
larger leakage flowrate than the plunger and this is why 
the length of the rod type piston is 1/2 length of the 
plunger type. In order to reduce the leakage flowrate, 
the overlap length of the piston should be extended. 
The study results show that the pump with the rod type 
piston and Birfield Joint is better than the conventional 
plunger type piston pump. 
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ABSTRACT 
 
The paper presents research results using IT-Tools for CAE/CAD and dynamic modelling, simulation, analysis, and 
design of a water hydraulic vane actuator for motion control of robot manipulator arm. Matlab/Simulink and CATIA are 
used as IT-Tools. The development and design a novel water hydraulic rotary vane actuator for robot manipulators is 
presented. The contribution proposes mathematical modelling, control and simulation of a novel water hydraulic rotary 
vane actuator applied to power and control a three-links manipulator. The results include engineering design and test of 
the proposed simulation models compared with IHA Tampere University’s presentation of research measurements from 
a similar robot manipulator arm driven by tap water hydraulic components. Experimental and simulation results are 
compared for evaluation and verification of developed mathematical models of the motion control of the manipulator. 
Furthermore, presents performance results of to follow trajectories of path motion control. 
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NOMENCLATURE 
 

cb  Coulomb friction coefficient [m3/(s Pa)] 

sb  Static friction coefficient [m3/(s Pa)] 

vb  Viscous friction coefficient  [Nm s/rad] 

K  Turbulent flow coefficient [m3/(s Pa1/2)] 

P∆  Pressure load [Pa] 
PA Pressure in chamber A [Pa] 
PB Pressure in chamber B [Pa] 
Ps Supply Pressure  [Pa] 
Ptr Transition pressure [Pa] 
Q Valve orifice flow rate [m3/s] 

QA  Flow rate - chamber A [m3/s] 
QB Flow rate - chamber B [m3/s] 
TACT Torque – Vane actuator [Nm ] 
θi Angle position i=1,2,3 … [rad] 
ωi Angle velocity [rad/s] 
ε Parameter [rad/s] 
xv Servovalve spool position  [m] 

T  Torque disturbance [Nm] 
D  Inertia - acceleration matrix  [N m s2/rad] 
h  Coriolis - centrifugal vector [N m s/rad] 
c  Gravity vector [N m /rad] 
b  Viscous friction vector [N m s/rad] 

 



INTRODUCTION 
 
Three rotary vane actuators drive the robot manipulator 
studied in this paper. Water has pressure medium is 
chosen to drive the actuator. Water is a non-contaminant, 
fireproof, radiation proof and ready available. Many 
industrial applications as food processing, steel, mining, 
pharmaceutical and nuclear industry, required 
particulars cautions that water hydraulics can provide  
[1]. On the other hand, water has low viscosity relative 
to mineral oil , and can in general only be recommended 
applied for supply pressure up to 160 bars. The limited 
motion range of hydraulic cylinders, confine their use in 
manipulators with few degrees of freedom. A water 
hydraulic rotary vane actuator may satisfy most of the 
requirements necessary to drive a dexterous manipulator 
and a specific water version could partially solve the 
problem of high leakage flow. The developed slave 
robot arm results in a multiply-purpose device suitable 
for an environmental friendly approach to the industrial 
processing.    
  

DESCRIPTION OF THE MANIPULATOR 
 
The novel developed robot manipulator with three joints, 
each driven by a water hydraulic rotary vane actuator, 
has three links and is able to sustain a maximum load of 
85 Kg with 1.9 m of extension, shown in Figure 1, 
Figure 2, Figure 3 and Figure 4. For a dexterous use, a 
load of 50 Kg has not to be exceeded. The slave arm 
weighs around 90 Kg and the actuators generate 2156 
Nm, 1056 Nm and 448 Nm, respectively. The robot 
arms have servovalves to flow rate control. This 
solution allows the use of rigid connection between the 
valves and the actuator.     

 
 

Figure 1 Schematic of the 3 DOF robot manipulator 
 

Approach to the water hydraulic vane actuator 
To simplify the model of the water hydraulic vane 
actuator the pump supply pressure is assumed to be 
constant at 140 bar to a four-way servovalve to control 
the flow rate to the vane actuator. A closed loop control 
system with position feedback is chosen to control the 
vane actuator movement. Since water hydraulics 

components need small clearances, they are more 
expensive compared to the oil hydraulics mechanism. 
The servovalve is a Ultra Premier Range 4658 Series 
with the 9.6 l/min rated flow and a natural frequency of 
22 Hz at 70 bar. The small natural frequency of the 
valve combined with position feedback control system 
to drive the arm’s accuracy.  
  

 
 

Figure 2  A water hydraulic vane actuator 
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Figure 3 Schematic of the water hydraulic vane actuator 

 

 
Figure 4 CATIA model of the arm 1 and arm 2 of the  

3 DOF robot manipulator 



SIMULATION MODEL 
 
To simulate the performance of the slave robot arm a 
non-linear model was developed by modelling the 
different components of the water hydraulic rotary 
actuator system and robot manipulator arm. 
The servovalve dynamics, from the input signal to the 
spool displacement is approximated with a second order 
transfer function figured out from the servovalve’s flow 
gain and Bode plots from the datasheet. 
The flow through the orifices is calculated switching 
from the laminar to the turbulent equation when the 
pressure difference became higher than the transition 
pressure Ptr. A second order interpolation, was 
developed by using the Lagrange method to keep the 
continuity of the first derivate in the transition point 
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The effects of friction could be modelled as a 
generalized force applied on the joint of the arm. 
Friction is a complex non-linear force that is difficult to 
model accurately, yet in many cases it can have a 
significant effect on the robot dynamics. A model that 
includes the viscous, the static and the Coulomb friction 
from components as proposed by [3]. Comparison 
between the complete and simplified viscous friction 
model is shown in Figure 5, and modelled by the 
following equation (2)    
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Figure 5 Comparison between the complete and 
simplified viscous friction model 

 
In the following simulations, the friction model was 
reduced to only viscous term due to assuming a good 
engineering design to avoid Coulomb friction and 
sticktion. To test the water hydraulic rotary vane 
actuator a non-linear model developed was used to 
evaluate the performance. Test simulation results were 

obtained by using the developed non-linear model 
shown as an overview diagram of the Simulink model in 
Figure 6. 
 

 
 

Figure 6  The non-linear model for test simulation  
 
The general motion equations of the manipulator can 
conveniently be expressed through the direct application 
of the Lagrange-Euler formulation to non-conservative 
system. The approach for modelling of the considered 
test robot manipulator applying the robot model 
notation by Schilling, 1990, [3] 
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Model Evaluation and Verification 
To validate the developed models of the proposed water 
hydraulic vane actuator we did compare with 
experimental results by Rameda, IHA, Tampere 
University of Technology 2004, [4] of a similar vane 
actuator designed to work with oil and tested with tap 
water as fluid. The non-linear models are evaluated and 
verified against open-loop response of the 
valve-controlled rotary vane actuator. 
 

 
 

Figure 7 Open loop position response, simulated and 
experimental results. 

 
The actuator is in vertical position (no gravity load in 
the zero position) with an inertial load of 31.2 Kg m2 
and weights attached at the end of the boom. The input 
signal to the servovalve was a step input (the valve was 
kept open for 1 second) to show the step response in 
Figure 7. The conclusion was that non-linear model 
could be used in this analysis because the simulation fit 
very well to the measured response. Furthermore, 
validation of the model and verification of the model 
was needed. 



 

 
 

Figure 8 Open loop velocity response, simulated and 
experimental results 

 
As shown in Figure 7 and Figure 8, during the valve 
opening, the non-linear model provides, with good 
accuracy, both the position and the velocity of the 
measured performance. However, there are errors of 
damping during the valve closing, probably due to the 
simplified friction model. In fact the friction force is the 
first cause of the damping and the operated model is 
mostly underrate at low velocity.  
These errors are probably due to the simplified friction 
model, in fact, the friction force is the first cause of the 
damping and in our model is mostly underrate at low 
velocity. Since we did check the system stability by 
applying this model because it has a lower value of the 
damping rate compared to the measured velocity 
response (Figure 8) for the implemented robot 
manipulator arm by IHA, Tampere University of 
Technology [2]. 

 
 

THE NOVEL VANE ACTUATOR 
 

A Mechatronic System Engineering approach was 
applied to develop and design the three links water 
hydraulic robot driven by rotary water hydraulic 
actuators. 
The Figure 9 as illustrated the proposed IT-Tool 
controller design concept that integrates the 
development and design phases into a single design 
platform. It uses the Matlab Real-Time Workshop to 
generate C-code automatically from a Simulink block 
diagram, and then compile it, and download it to the 
real-time hardware. It can perform all steps of the 
control design process in one development environment. 
In a dSPACE system, input/output (I/O) can easily be 
specified and connected within the Simulink 
environment.  
A view of the 3D CAD model of the proposed novel 
water hydraulic vane actuator is shown in Figure 10. 
The main materials used are stainless steel and PEEK. 
The fundamental components of the actuator are: the 
housing, the vane and the shaft. The rotor vane is fixed 
on the shaft and slides on the internal face of the 

housing. To perform the sealing system the vane is 
composed of two pieces couplet together by bolts.  
This solution allows inserting different layer of sealing 
material for the two parts of the vane.  The housing is 
made of three parts; a cylinder for the rotary vane, and 
two-side cover entrusted to close the pressure chambers 
and sustain the shaft. To secure the sealing between the 
vane and the side cover, two rings are applied with a 
rounded shape, to avoid corners in the contact surface. 
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Figure 9  IT-Tools controller design concept 
 

 
Figure 10  Shows a 3D CAD model of the novel water 

hydraulic vane actuator 



 

 

The rings are fixed on the grooves machined in the shaft 
and in the housing. To sustain the shaft thrust bearings 
are used and fixed by pins and sleeve bearings forced on 
the lateral covers. Holes are machined in the housing, to 
perform the coupling of the arm and the stator vane. The 
side covers are ensured on the housing by spiral 
retaining ring, which thwart the pressure. Two flats 
coupled to the shaft close the actuator and the 
connection to the second robot arm. 
The shaft is axial fixed by the contact between the 
flanges and the thrust bearing on the side covers. A 
second sealing system may be operating to isolate the 
external behaviour and assure that the entire leakage 
flows through the drain line. 

  
Figure 12  Position error following a complete shape  

 TEST OF THE ROBOT MANIPULATOR ARM 
  

CONCLUSION AND OUTLOOK To simulate the behaviour of the tool point centre (TPC) 
of the slave manipulator arm in a typical motion control 
application, the slave arm was tested by defining the 
following complete test path trajectory build up by 
geometric elements as part of circles, strait lines, corner 
and ramp as reference input to the robot controller. 

 
The contributions presents research results using 
IT-Tools for CAD and dynamic modelling, simulation, 
analysis and design of water hydraulic actuators for 
motion control of machines, lifts, cranes and robots. 
Matlab/Simulink and CATIA were used as IT-Tools for 
the development and design a novel water hydraulic 
rotary vane actuator for robot manipulators. 
Furthermore, presents proposed mathematical modelling, 
control and simulation of water hydraulic rotary vane 
actuator applied to power and control a three links 
manipulator and evaluate the performance. The obtained 
results shows that even with a simple control system as 
a position feedback and an internal velocity feedback, 
the robot manipulator performance a good accuracy 
following trajectory at slow speed. In general, the 
simulated response with the linear model agrees well 
with the non linear model and with the presented 
measured response, and therefore the linear model can 
be used to simplify the controller design.  
The applied mass located at the TPC of the robot arm 
decrease the hydraulic frequency benefits the system 
stability. On the other hand, the position error is 
approximately proportional to the external load. The 
control gains cannot be optimized for all the load range 
and therefore a compromise have to be made. All the 
control parameters have to be optimized. 

 
Figure 11   Tool point centre trajectory following a 

complete reference input path shape 
 

Simulation result for motion control of the robot 
manipulator arm’s TPC trajectory following a complete 
path trajectory is shown in Figure 12. 

The non-linear model can be used for prototype design 
instead the experimental design, at least for primary set 
up and provide good possibility to improve the control 
system. The water hydraulic rotary vane actuators have 
been developed to be driven by an robot controller, and 
has been designed to be improved for a 6 DOF water 
hydraulic robot manipulator arm research and 
application. 

Position error following a complete shape is shown in 
Figure 12. The obtained results shows that even with a 
simple control system for the proposed novel water 
hydraulic vane rotary actuator with servovalve, the 
manipulator perform acceptable accuracy for many 
applications as long as the required maximum velocity 
fit to the load and robot manipulator arm design, and is 
limited. 
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ABSTRACT 
 
This paper presents a time-dependent mathematical model of a hybrid (hydrostatic/hydrodynamic) thrust pad bearing as 
a slipper of swash-plate type axial piston pumps and motors for the use of tap water under mixed and fluid film 
lubrication condition. Effects are examined of the load eccentricity, time-lag of changes in the supply pressure and load, 
surface roughness, recess volume, and the revolution radius. The bearing’s motion is simulated three-dimensionally, 
including roughness interaction and asperity contact. Solutions are obtained regarding the friction, flow rate, power loss, 
and stiffness. Calculations indicate that the eccentric load causes local contacts. The preceding change in the load poses 
a larger motion of the bearing. The hydrodynamic effect becomes marked as the revolution radius increases. As the 
recess volume increases, the bearing stiffness decreases. 
 
 

KEYWORDS 
 

Water-hydraulics, Tribology, Hybrid/Hydrostatic bearings, Mixed lubrication, Piston pumps/motors 
 
 
 

NOMENCLATURE 
 
 a : Ratio of recess radius = R1/R2 
 H : Reference clearance 
 h  : Clearance = h/H 
 h0s  : Pad center clearance = h0/σ 
 I  : Moment of inertia = Î (H/R2)3=ωH3I/(6µR2

6) 
 K : Bulk modulus of lubricant 
 L  : Power loss = L/(ωps0R2

3So) 
 M  : Moment-load = M/(ps0R1

3So) 
 p  : Pressure = p/(ps0So) 
 rp  : Recess pressure = pr/(ps0So) 
 sp  : Supply pressure = ps/(ps0So) 
 Q  : Flow rate = Q/(ωR2

3) 
 0R  : Radius of revolution = R0/R2 
 R2 : Outer radius of bearing 
 r , θ , z : Coordinates = r/R2, θ , z/H 

 wr  : Eccentric ratio of load = rw/R2 
 So : Parameter = 0Ŝ (R2/H)2 = 6µω(R2/H)2/ps0 
 T  : Friction torque = T/(ps0R2

3So) 
 rV  : Recess volume = rV̂ (R2/H)2 = 6µωVr/(H2KR2) 
 W  : Load = W/(ps0R2

2So) 
 X, Y, Z: Coordinates 
 x, y, z : Coordinates 
 α  : Inclination of pad = αR2/H 
 β : Parameter of restrictor = β̂ (H/R2)3=4H3lc/(3rc

4) 
 ∆τ : Time lag of load = Ω∆t 
 ζ0 : Parameter = 2W0loga/[(1−a2)ps0R2

2] 
 µ : Viscosity 
 σ : Surface roughness = (σ1

2+σ2
2)1/2 

 τ : Time = Ωt 
 

yx,Φ  : Angle = Φx, yR/H 
 ϕ : Azimuth of pad 
 Ω : Reference angular velocity 
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 Ω' : Angular velocity of sliding plane 
 ω : Angular velocity of pad 
Subscripts: 
 a : Asperity 
 f : Fluid 
 m : Mean value 
 x, y, z : x, y, z axes, respectively 
 0 : Reference (High-pressure period) 
 

INTRODUCTION 
 
As a power transfer medium of hydraulic systems, 
nothing in nature is more human compatible and 
environmentally compatible than tap water: it is non-
toxic, non-flammable, clean, easily disposable and 
readily available. In recent years, economic and 
environmental forces have helped water to regain its 
prominence as a hydraulic fluid [1][2]. 
Nevertheless, disadvantages and challenges of tap-water 
hydraulic systems remain: leakage resulting from water’s 
low viscosity, erosion because of water’s higher vapor 
pressure, and corrosion because of water’s chemical 
reaction, in addition to bacterial growth and limited 
operating temperatures. In particular, lower viscosity and 
a lower viscosity-pressure index engender inferior 
lubrication. 
As with oil-hydraulic pumps and motors, tap-water 
hydraulic pumps and motors are expected to function 
suitably in widely variant operating conditions. The 
efficiency and durability of the equipment are 
conspicuously influenced by tribological characteristics 
of the bearing and seal parts. 
Swash-plate type axial piston pumps and motors take 
advantage of high power density based on high pressure 
and compactness, and high efficiency of variable 
displacement machinery. Main bearings and seal parts of 
the pumps and motors form a slipper, which functions as 
a hydrostatic bearing [3]. It is suitable for lubrication 
with low viscous fluids. Shute and Turnbull undertook a 
pioneering study [4]; later, Iboshi and Yamaguchi [3] as 
well as Hooke, et al. [5–6] contributed to study in this 
area by investigating characteristics of slippers and by 
discussing effects of operating conditions and geometry. 
Typical hydrostatic bearings are usually designed and 
used under the full film lubricating condition [7–8]. 
However, hydraulic pumps and motors strongly demand 
less leakage and compactness, which enforces smaller 
clearance of the same order as the roughness height. The 
bearings of real-life pumps and motors are thus required  
to operate in a mixed lubrication regime. 
Yamaguchi and Matsuoka developed a mixed lubrication 
model that is applicable to bearing and seal parts of 
hydraulic equipment [9]. This model is based on a 
combination of the asperity-contacting model proposed 
by Greenwood and Williamson (GW model) [10] and the 
average flow model by Patir and Cheng (PC model) [11–
12]. The former is a model for a contact mechanism of 
non-lubricated stationary rough surfaces. The latter is an 
approach using fluid film lubrication to the contact 

phenomena of surface asperities. They fill the gap 
separating these two extreme models. Moreover, they 
include effects of adsorption of lubricants, 
elastohydrodynamic lubrication (EHL) and cavitation 
around asperities. Comparison of numerical results using 
the model and many experimental data for thrust washers 
and hydrostatic bearings [13–14] shows good agreement. 
Subsequently, Yamaguchi, et al. [15] expanded the 
model to include plastic-to-metal contact under water 
lubricated conditions, whereas the primary model 
specifically describes metal-to-metal contact under oil 
lubricated conditions. 
In this study, the author applies the mixed lubrication 
model [9] to unsteady analysis [16] of a water-lubricated 
hybrid/hydrostatic thrust pad bearing, which is a model 
of a slipper of swash-plate type axial piston pumps and 
motors. Three-dimensional motion of the bearing is 
simulated and the tribological characteristics are 
discussed. Effects of interference in roughness asperities, 
contact between the surfaces and the time lag of the 
dynamic load are examined. 
 

THEORY 
 
Theoretical model 
A hybrid thrust bearing that functions as hydrostatic and 
hydrodynamic bearings, lubricated with tap water, is 
shown in Fig. 1. Surface roughness, asperity contact, 
eccentric loads, and changes in the supply pressure and 
the load are considered. Heat generation resulting in a 
change in the physical properties of the lubricant and 
thermal distortion as well as elastic deformation of the 
bearing parts are neglected. 
The load acting on the bearing and seal parts of hydraulic 
pumps and motors fundamentally changes cyclically and 
synchronously with the supply pressure. However, the 
load change can be slightly preceded or delayed because 
of factors such as friction and inertia of the parts in the 
equipment. Thus, the supply pressure ps and the load W 
(<0) with a time lag ∆τ between ps and W are given as 
those in Fig. 2. Let ∆τ be a negative value when the 
change in W is preceded by ps. Revolution of the sliding 
plane with angular velocity Ω' as well as rotation with 
the angular velocity ω and reciprocation of the pad are 
included in the non-steady mixed lubrication modeling. 
The condition corresponds to a slipper of swash-plate 
type axial piston pumps and motors with slight 
inclination of the swash-plate, where the influences of 
pistons and ball joints are omitted. 
 
Derivation of basic equations 
The load-carrying capacity of asperities in contact is 
estimated by their capacities because of elastic and 
plastic contact. The asperity-contact pressure ap  
averaged over a small apparent area, is [9, 10, 13]: 
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Therein, de
* is the separation, 'E (=E'/(ps0So)) is the 

equivalent modulus of elasticity, aH (=Ha/(ps0So)) is the 
hardness of the softer material, w*

p=(β'/σ*)(2ha/E')2, β' is 
the radius of asperity, η is the density of asperity and σ* 
(= 0.7 σ) is the standard deviation of the asperity-summit 
height. Subscripts e and p respectively represent the 
elastic and plastic deformation of asperities. In addition, 
the function Fm is expressed as the following. 
 

(2) 
 
Therein, ψ(s) is the standard probability density function, 
=(2π)−1/2exp(−s2/2). The standard plane of rough surfaces 
is either the summit mean plane or the surface mean 
plane. The former is used in the GW model and the latter 
in the PC model. The relation of de

*=hs (hs≥1.8) and 
de

*=1.5hs−0.9 (hs<1.8) holds for these mean planes [17]. 
Following the PC model [11–12], the average Reynolds 
equation is described as the following. 
 
 
 
 
 

(3) 
 
 
 
 
 
Therein, φ and φs are the factors of surface roughness 
[11–12]. The boundary conditions of the fluid pressure 
are determined by: 

fp (a, θ, τ)= rp (τ) and 
fp (1, θ, 

τ)=
ep  (atmospheric pressure). Cavitation conditions are 

selected such that the negative values are replaced by 
zero during the calculation when 

fp <0. Mean clearance 
hT

* is shown as the following [13]. 
 
 
 

(4) 
 
The moment-load-carrying capacities 

xM and 
yM  with 

regard to the x and y axes and the load-carrying capacity 
W , because of contacting asperity and fluid, are 
computed respectively using the following integrals. 
 

(5) 
 
 

(6) 
 
 

(7) 
 
The integrals of the capacities are calculated numerically 
with the cavitation conditions (

ap =0 and 
fp = rp  in the 

region of r <a). 
Considering the fluid compressibility and displacement 

volume in the recess, the recess pressure rp  satisfies the 
following relation. 
 
 

 (8) 
 

Therein, rQ  and ( )rQ  (a≤ r ≤1) are the flow rates though 
the capillary restrictor and the bearing-land, given 
respectively as the following. 
 
 

 (9) 
 
 
 
 

(10) 
 
 

The equations describing the bearing-pad motion are thus  
written as the following. 
 
 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig. 1 Schematic diagrams and coordinates of the slipper 
model (hybrid thrust pad bearings) 

 
 
 
 
 
 
 
 
 
 
 

Fig. 2 Changes in supply pressure ps and load W with 
a time lag ∆τ 
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(11) 

 
 

(12) 
 
 

(13) 
 
 

In those equations, g =g/(Ω2H), 
xI , 

yI  and zI  represent 
the respective moment of inertia for the x, y and z axes, 

ϕα−=Φ sinx  and ϕα−=Φ cosx . 
Furthermore, the friction torque 

aT , because of the 
asperities in contact, and the torque 

fT , because of fluid 
acting on the sliding surface, are formulated as below. 
 
 
 
 
 

 (14) 
 
 

(15) 
 
 
Therein, 

0A  (=A0/R2
2) is the land area, rA  is the real 

contacting area, Ad (= θdrdr ) is the apparent area, ξ is 
the parameter regarding an area-ratio of solid-contact 
asperities [9], τ (=τ/[6µω(R2/H)2]) is the shearing 
strength, adτ  is shearing strength of the adsorbed film, 
and both φf and φfs are factors of roughness [11–12]. 
Defining the mean power loss 

mL  during a single cyclic 
period by summing and averaging the power losses 
because of leakage flow rate 

QmL  and friction torque 
TmL  

yields the following relationship. 
 

(16) 
 
The reference operating condition is representable as the 
ratio ζ0 of the hydrostatic balance in the high-pressure 
period in a steady state defined by the following. 
 

(17) 
 
Therein, W0 is the load (<0). The dynamic stiffness and 
moment-stiffness are defined as below. 
 

(18) 
 

(19) 
 
Numerical technique 
The Runge-Kutta method is used in solving the set of 
equations described in the previous section. The effects 
of cavitation and the inertia terms in the equations of 
motion are included in the following calculation [3]. 

 The representative numerical parameters are specified as: 

the ratio a of the recess radius is 0.683, the moment of 
inertia Î  for the x and y axes is 9.3 × 105, the moment of 
inertia zÎ for the z axis is 4.7 × 105, bearing-mass m̂ is 
9.3 × 105, the revolution radius 

0R  is three, the outer 
bearing-radius R2 is 10 mm, the load-eccentric ratio 

wr  is 
0.1, the operating parameter 

0Ŝ  is 2 × 10−7, the recess 
volume rV̂  is 1 × 10−10, restrictor parameter β̂  is 5.7 × 
1010, the parameter ζo [13] is two-thirds, surface 
roughness σ/R2 is 2 × 10−4 , roughness-ratio σ2/σ1 is unity, 
azimuth ϕw of the load is π/2, and the ratio of angular 
velocity Ω/ω is unity. The parameters regarding mixed 
lubrication are given by Ref. [15]. 

 
RESULTS AND DISCUSSION 

 
Effects of load eccentricity 
Figures 3 and 4 demonstrate the time evolution of the 
center clearance h0s, pad inclination α  and the pad 
azimuth ϕ as well as the maximum contact pressure 

maxap  and the leakage flow rate 
outQ  [= ( )1=rQr ] in 

terms of eccentric ratio wr of the load, where the changes 
in 

sp and W  are synchronized (∆τ=0). 
As the ratio wr  increases, the parameters h0s, α  and ϕ 
become large in the low-pressure period and the pressure 

maxap  increases in the high-pressure period. The leakage 
outQ  peaks at the transition from the low-pressure to the 

high-pressure period, which is caused by the squeeze 
film effect. 
Effect of time lag of loads 
Figures 5–7 depict the variation of the center  

 
 
 
 
 
 
 
 
 
 
 

Fig. 3 Changes in center clearance h0s, inclination α  and 
azimuth ϕ of pad in terms of eccentric ratio wr of 

load (∆τ=0) 
 
 
 
 
 
 
 
 
 
 

Fig. 4 Changes in maximum contact pressure maxap  and 
leakage flow rate outQ  in terms of eccentric ratio 

wr of load (∆τ=0) 
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clearance h0s and minimum clearance hmin s, leakage flow 
rate outQ , total friction torque T (

fa TT + ) and the ratios 
of cavitation area 0/ AAcav  and contact area 0/ AAcnt  with 
time lag ∆τ conditions. When the change in the load 
precedes that in the supply pressure (∆τ<0), the 
hydrostatic load-carrying capacity momentarily exceeds 
the load at τ≈π/2, which causes an imbalance and larger 
clearances in the low-pressure period. Jumping of the 
pad yields cavitation in the bearing-land; thereby 
creating the peaks of 0/ AAcav . At another transition of 
the pressure and the load (τ≈3π/2), the downward force 
becomes larger than that which is exerted upward, which 
consequently increases leakage outQ  based on the 
squeeze film effect. 
Conversely, when the change in the load delays (∆τ>0) 
at τ≈π/2, the downward force becomes larger and the pad 
is suppressed vice versa. 
During the high-pressure period, the surfaces remain in 
contact ( 0/ AAcnt =1) resulting in larger torque T  because 
of asperity-contact. On the other hand, during the low-
pressure period, the area ratio 0/ AAcnt  is less than unity 
or equal to zero and outQ  and T  are infinitesimal. 
Effect of radius of revolution of pad 
The radius 0R  of the revolution of the pad corresponds to 
the respective pitch radius of the cylinder-bores of piston 
pumps and motors. Figures 8 and 9 show the effect of 0R  
on the bearing. As 0R  increases, the maximum 

max0h  of 
the center clearance increases, especially in the low-
pressure periods, because of the hydrodynamic (wedge) 
effect; the minimum 

min0h  changes less. The increase in 
hydrodynamic load-carrying capacity lessens the 
cavitation period τcav/2π and contacting period τcnt/2π in 
a cycle. 
Effect of recess volume or liquid bulk modulus 
The effect of the normalized recess volume rV on pad 
fluctuation is examined in Fig. 10. As rV  increases, the 
bearing-stiffness λ  decreases. By contrast, the moment 
stiffness Mλ  remains almost constant. The mean power 
loss mL  is determined by the power loss TmL because of 
friction torque and the losses decrease slightly with 
increased rV . 
It is noteworthy that parameter V

∧

r is equivalent to the 
inverse number of the bulk modulus K of the liquid. 
Therefore, if K is reduced, e.g. by containing bubbles in 
the liquid, the pad would fluctuate distinctly and the 
bearing-stiffness would decrease. 

 
 
 
 
 
 
 
 
 
 
 

Fig. 5 Changes in center clearance hs0 in terms of time 
lag ∆τ of the load 

 
 
 
 
 
 
 
 
 
 
 
 

Fig. 6 Changes in leakage flow rate 
outQ  and friction 

torque T  in terms of time lag ∆τ of the load 
 
 
 
 
 
 
 
 
 
 
 
 

Fig. 7 Changes in cavitation area 0/ AAcav  and contact 
area Ācnt/Ā0 in terms of time lag ∆τ of the load 

 
 
 
 
 
 
 
 
 
 
 
 

Fig. 8 Changes in center hs0 and minimum hs min clear-
ances in terms of revolution radius 0R  

 
 
 
 
 
 
 
 
 
 
 
 

Fig. 9 Effect of revolution radius 0R  on maximum 
clearance 

max0h , minimum clearance 
min0h , 

cavitation period τcav/2π and contacting period 
τcnt/2π 
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Fig. 10 Effect of normalized recess volume rV
)

 on mean 
power loss mL , mean friction power loss TmL , 

dynamic stiffness λ , and moment-stiffness Mλ  
 
 

CONCLUDING REMARKS 
 
A hybrid thrust bearing as a slipper model of water 
hydraulic piston pumps and motors was developed in this 
study. It includes uneven contact because of alignment in 
mixed and fluid film lubrication, based on the GW model 
and the PC model. Numerical solutions of the time-
dependence problem are obtained over a wide range of 
operation under water lubricated conditions. 
The following conclusions were obtained: i) As the 
eccentric ratio of the load increases, the inclination of the 
pad increases, thereby causing local asperity-contact 
pressure. ii) The time lag between the supply pressure 
and the load influences the bearings’ motion and 
tribological characteristics. In particular, the preceding 
change in loads engenders a larger motion of the pad. iii) 
The radius of revolution of the pad influences the bearing 
performance because of hydrodynamic wedge effect. iv) 
As the recess volume increases or the bulk modulus 
decreases, the bearing motion is enlarged, especially in 
the low-pressure period, decreasing the bearing stiffness. 
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ABSTRACT 
 

In disaster sites, the remote control of construction machinery is required to ensure the safety of the workers. However, 
the current remote control systems are limited in types of machines and numbers. A remote control system we have 
developed has advantages in portability and dexterity by using lightweight pneumatic robot arms. The effectiveness of 
the system has been confirmed with a small type backhoe. In this research, a system was developed to improve 
flexibility. First, the moving angle of the robot arm was enlarged. Then, the sliding system was developed to move the 
robot back and forth so that the robot arms can operate not only the levers to control the arm of the backhoe but also 
that of the acceleration. Moreover, CCD camera was attached to inform the vision from the backhoe. The system was 
applied to an ordinary backhoe whose bucket size is 0.28 m3. Some field tests were conducted and the effectiveness of 
the developed system was proven. 
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INTRODUCTION 
 

In disaster sites, the remote control of construction 
machinery is required to ensure the safety of the 
workers. However, the current remote control system is 
limited in types of machines and numbers. The remote 
control systems for construction machinery can be 
classified into two approaches. One is “Conversion 
Type” and the other is “Installation Type”. The 
“Conversion Type” approach converts ordinary 
construction machinery into remote control systems[ 1][ 2]. 
For example, a system has already been developed to 
realize remote control by replacing a valve in the 
construction machinery to a remotely controllable valve. 
Conversion type systems, though, require significant 

time and effort because conventional remote-controlled 
construction machinery is larger than ordinary 
equipment and is available in only limited types and 
quantities. 
On the other hand, the “Installation Type” approach is to 
install a remote-controlled robot system on ordinary 
construction machinery. Since the remote control can be 
successfully realized with any construction machinery 
near the disaster site, the quick restoration work is 
available. The system requirement for the “Installation 
type” is portability and easy installation to the 
construction machinery.  
A remote control system we have developed from the 
“Installation Type” approach has advantages in 
portability and dexterity by using a lightweight 
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pneumatic robot arm. This system can easily be carried 
and installed on ordinary construction machinery. Using 
the developed pneumatic robot system, the effectiveness 
of the remote control system for construction machinery 
with a small type backhoe was confirmed [ 3]. 
In this research, a system was developed to improve 
versatility and flexibility. A sliding system was 
developed so that the pneumatic robot arms can operate 
not only the levers to control the arm of the backhoe but 
also that of the acceleration. Moreover, we attached 
CCD camera to the robot system to inform the vision 
from the backhoe to the operator. We conducted some 
field tests to evaluate the effectiveness of the remote 
control system. 

 
 

PNEUMATIC ROBOT SYSTEM 
 

Pneumatic Robot Arm 
Figure 1 shows pneumatic robot arms newly developed 
and the driving system of a joint. The pneumatic robot 
arm has six degree-of-freedom. Because the structural 
components are made of MC nylon, carbon rods, 
aluminum and the Pneumatic Artificial Rubber Muscles 
(PARMs)[ 4] as actuators, the arm is very light in weight. 
The total weight of the arm is approximately 3 [kg]. 
Because the robot arm is lightweight, quake-resistant, 
portable and dexterous, it is effective in its role as part 
of a remote control system for construction machinery. 
Each angle is driven antagonistically with two PARMs 
connected to a link in parallel. A 5-port servo valve 
controls supply and exhaust air to PARMs[ 3]. Then the 
difference of contraction of two PARMs creates joint 
torque as shown in Figure 1. A rotary encoder was set to 
each joint and the rotation angle was measured and 
controlled. 

 
J1

J2

J3
J4

J5

J6

D/A

CNT

Servo
Valve

Encoder

Regulator

PARM

PC

 
 
 

Figure 1 Pneumatic robot arms (left) 
 and Muscular Driving System (right) 

Table 1 Movable angle of robot arm (Shoulder joints) 
 

Available Angle [deg] 
 

J1 J2 

Previous Arm ±28 ±28 

New Arm ±45 ±40 

 
 

The robot arm contains of a wrist joint that enables the 
robot hand to move up, down, left, and right, the elbow 
joint which bends and twists the robot arm and the 
shoulder joint which turns the shoulder and rotates the 
entire arm. In previous research, available angle of each 
joint of the arm is about 30 [deg] and the robot arm can 
operate a small type backhoe because of short distance 
of the levers equipped with the backhoe. However, 
levers of the ordinary backhoe are separated. Therefore, 
we improved shoulder part of the robot arms to expand 
the available angle. The shoulder part, that is J1 and J2 
in Figure 1, were newly developed. PARMs with 20 
[mm] size in diameter and with 340 [mm] in length 
(MAS-20: manufactured by FESTO) were used the 
joints to improve the contracting length. As a result, 
larger available angle (over 40 [deg]) was realized as 
shown in table 1. 

 
Sliding System 
The acceleration lever of the backhoe is apart from the 
operation levers and the robot arm cannot reach it even 
the shoulder joints were improved because a human 
operator bend and rotate ones west to operate the levers. 
Therefore, a sliding system was developed to move the 
robot system back and forth as shown in figure 2. Linear 
sliders and a pneumatic cylinder were attached with the 
frames that fix the robot arms on the sliding guide. 
Therefore, robot arms can move about 200 [mm] 
backward and operate the acceleration lever. 
Air Gripper is set to the tip part of the robot arm as 
shown in figure 1, therefore the robot arm can grasp not 
only the operation levers but also that of the 
acceleration of the construction machinery. The robot 
arm can rotates gripped lever using the wrist joint. 

 
 

 
 
 

Figure 2 Sliding System 

Pneumatic 

Cylinder

200 [mm]
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Control Box 
Figure 3 shows control boxes for the pneumatic robot 
system. The boxes are divided into three units. One is a 
PC box which contains a PC board and sampling boards. 
Second one shown in figure 3-(a) contains pneumatic 
instruments such as servo valves and pressure regulators. 
The outer dimensions of the boxes are both 400 [mm] × 
430 [mm] × 200 [mm]. The third box as shown in figure 
3-(b) is power source unit supplying electric power to 
the PC unit and valve unit and an access point for 
wireless LAN network. The outer dimension of the box 
is 200 [mm] × 430 [mm] × 200 [mm]. 
The total weight of the robot system is about 40 [kg] 
and can be installed easily on construction machinery 
with minimal effort. 

 
Remote Control System 
Figure 4 shows a remote control system. An operator 
uses joysticks to input the target tip position for the 
robot arm from the master side. Then a laptop PC reads 
the joystick values and transmits the values to the 
control box at the slave side via wireless LAN (IEEE 
802.11b). Then the robot arm, grasping the levers of 
construction machinery in advance, manipulates the 
levers according to the transmitted value. As a result, 
the joystick motion and the construction machinery 
levers are synchronized. We have confirmed that the 
response delay is less then 200 [ms] which is acceptable 
for remote control. 
 

Valve Unit PC Unit

Servo Valve

Regulator
AD/DA Board

LAN Card

400 [mm]400 [mm]

430 [mm]

200 [mm]

 
(a) (Valve unit and PC unit) 

200 [mm]

200 [mm]

430 [mm]

Access Point

Electric Power
Source

Electric Power
Source Unit

 
(b) Electric power source unit 

 
Figure 3 Control box 

Backhoe

Laptop PC

Joystick

USB

Wireless
LAN

(IEEE
802.11b)

Control
Box

CCD
Camera

Robot
Arm

 
 

Figure 4 Remote control system 
 
Generally, construction machinery such as a backhoe 
has two pairs of operation levers. One is to control a 
movement and the other is to control the arm of it. 
When an operator controls the construction machinery, 
one can choose and control any levers. According to the 
remote control, the operator is far from the machine, 
therefore it is difficult to move and control the robot 
arms precisely between two command levers. To make 
it easier to operate, we programmed the movement of 
changing the levers in advance by defining the 
trajectory of the movement. When an operator pushes a 
button on the joystick, the robot arms move to the lever 
from one side to another automatically. CCD cameras, 
which are helpful for remote control, are attached to the 
robot system. The vision from the CCD camera is 
provided to the operator through the wireless LAN. 

 
EXPERIMENT 

 
To confirm the availability of the system, we tried to 
apply the robot system to an ordinary backhoe. The 
backhoe used in the experiment was Grand Beetle 60SR 
(KOBELCO Construction Machinery Co., Ltd.) whose 
bucket size is 0.28 [m3]. Some experiments were 
conducted including the movement of the construction 
machinery. First, we removed the sheet from the 
backhoe and set the control boxes. Then, the robot arms 
were mounted on the boxes. About 30 minutes were 
needed with two persons to set up the system. Figure 5 
is the photo of the remote control system installed in the 
operating room of the backhoe. 
 

 
 

Figure 5 Developed remote control system installed in 
the operating room of the backhoe 
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The contents of the experiment are as follows:  
(a) First, the backhoe moves forward. 
(b) Second, the robot arms change the levers. 
(c) Third, simulated excavating actions (move the 

boom forward and the arm down) and the backhoe 
rotate about 90 degrees to the left. 

(d) Simulated dumping actions (move the boom 
forward and open the bucket) are done and the 
backhoe rotates about 90 degrees to the right. 

(e) The robot arms change the levers. 
(f) Finally, the construction machinery moved 

backward. 
 

 
 

Figure 6 Remote control experiment 

Table 2 Operation Time 
 

Task in 
figure 6 (a) (b) (c) (d) (e) (f)

Operation 
Time [s] 20 9 30 21 9 13

 
 

The remote control was conducted with the 
above-mentioned contents. Figure 6 shows the photos 
during the experiment and table 2 indicates the 
operation time of each task referred above. The 
operation was conducted smoothly and it took only 9 [s] 
for changing levers. The effectiveness was confirmed. 

 
 

CONCLUSION 
 

A lightweight remote control system of construction 
machinery was developed using pneumatic robot arms. 
We improved the system to realize the manipulation of 
an ordinary backhoe. Remote control experiments were 
conducted with an ordinary backhoe whose bucket size 
is 0.28 [m3]. The availability of the remote control 
system was confirmed from the field experiments. 
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ABSTRACT 
 
Active control type pneumatic isolation systems are widely used in semiconductor production processes. Most of them 
are actively controlled by nozzle flapper type servo valves, since they have fine characteristics as imperfect pressure 
integrators. But nozzle flapper type servo valves exhaust a lot of compressed air, for the sake of controllability. In this 
research, we firstly develop a pressure differentiator using an isothermal chamber, a cylindrical type laminar flow 
element and a differential pressure sensor. Then, by using the developed pressure differentiator and a spool type servo 
valve, an imperfect pressure integration system with much lower exhausted air flow rate compared to the system with 
nozzle flapper type servo valve, is constituted. Finally, the proposed pressure integration system is applied to the control 
of active vibration isolation system. The experimental results indicate superior performance of the developed system, 
especially in much lower energy consumption. 
 
 

KEY WORDS  
 

Pneumatics, Vibration Isolation System, Energy Saving, Pressure Differentiator 
 
 
 

NOMENCLATURE 
 
d  : nominal length  [m] 
f  : frequency [Hz] 

cf  : cut-off frequency [Hz] 
G  : mass flow rate  [kg/s] 
 

K  : gain coefficient [Pa･s] 
L  : length of slit  [m] 

iL  : inlet length  [m] 

aP  : atmospheric pressure [Pa] 

cP  : pressure in chamber [Pa] 

doP  : output signal of pressure differentiator [Pa] 



jP  : differential pressure[Pa] 

sP  : measured pressure [Pa] 
Q  : volume flow rate [m3/s] 
R  : gas constant  [J/(kg･K)] 
r1  :  Outer diameter [m] 
r2  :  Inner diameter [m] 
s  : laplace operator [1/s] 
st  : sampling time [s] 
t  : time  [s] 
T  : time constant of the sensor  [s] 
v  :  velocity in laminar flow element [m/s] 
V  : volume of chamber [m3] 
W : air mass in chamber [kg] 
x : displacement [m] 
θ  : temperature in a chamber [K] 

aθ :  room temperature [K] 
µ  : viscosity [Pa･s] 

aρ  : density of air at atmospheric pressure [kg/m3] 

cρ  : density of air when pressurized [kg/m3] 
 

INTRODUCTION 
 

Since air is an ideal gas for design of vibration isolation 
systems, air spring systems are widely used in industry, 
as seen in machine tools or transportation systems[1]. 
Air spring systems are required such performances as 
steady-state stability, quick self-motion control, and 
good floor vibration isolation. In order to satisfy these 
demands, nozzle flapper type servo valves with linear 
and precise pressure controllability are widely used. But 
if pressure control with high gain is needed, nozzle 
flapper type servo-valve requires large amount of 
steady-state exhausted air flow rate, i.e. energy 
efficiency is sacrificed to controllability. Though there is 
a over lap type spool type servo valve which has much 
smaller amount of steady-state exhausted air flow rate 
and high flow rate gain, since it has strong non-linearity 
between its control signal to output flow rate, spool type 
servo valves have so far been difficult to use for precise 
pressure control like air spring systems. 
In this paper, in order to reduce the affection by the 
nonlinearity and dead-point shift which spool type servo 
valves have, a pressure differentiator using an 
isothermal chamber[2][3], which we developed is 
applied to the pressure control in a pressure tank, as 
constituting a cascade pressure control system. Then, 
the cascade pressure control system is applied to the 
isolation table.  
 
DEVELOPMENT OF PRESSURE DIFFERNETIATOR 

 
 Principle of the proposed pressure differentiator 
As shown in Fig.1, the proposed pressure differentiator 
is composed of an isothermal chamber, cylindrical 

laminar flow element, a diaphragm type differential 
pressure gauge and a pressure sensor. The cross 
sectional structure of a slit is shown in Fig.1.When the 
measured pressure Ps changes, air flows through the 
narrow slit between two plates, and pressure in chamber 
Pc changes slightly behind of Ps. By measuring the 
differential pressure Pj=Ps-Pc with a diaphragm type 
differential pressure gauge, the differentiated value of 
Ps , dPs/dt can be calculated.  
Assuming the flow in the slit as a laminar flow, and 
taking equation of energy and Poiseuille law into 
consideration, the measurement principle of the sensor 
is explained as follows. The state equation for 
compressive fluids in a chamber can be written as 
Eq.(1). 

 (1) 
 
The following equation is derived by totally 
differentiating Eq.(1) and assuming that  the chamber 
volume is constant: 
 
 

(2) 
 
If the state of air in the chamber during charge or 
discharge remains isothermal, the following equation 
can be obtained from Eq.(2): 
 
 

(3) 
 
In Eq.(3), the average temperature in the chamber is 
equal to the room temperature. It is clear from Eq.(3) 
that if the volume of the chamber V  and  the  room 
temperature θa are known, the mass flow rate G is 
proportional to the differentiated value of pressure in 
chamber Ps.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.1 Structure of the proposed sensor 

θRWVPc =

dt
dWRGRV

dt
dP ac θθ +=

dt
dP

R
VG c

aθ
=



Suppose the width, outer and inner diameters and length 
of the slit are respectively r1, r2, h, L, and if flow in the 
slit is laminar, the relationship between the volume flow 
rate flowing through the slit Q and the differential 
pressure of both edges of slits can be expressed by 
Poiseuille law as 

 
 

(4) 
 
Taking the density of air at atmospheric pressure 

aρ and the pressure in a chamber Pc into consideration, 
the mass flow rate can be expressed by the equation (5). 
 

                                  (5) 
 
Defying the resistance coefficient of flow rate as   

            , equation (5) can be rewritten as  
 

                                        (6) 
 

The output signal of the differential pressure gauge can 
be written as 

                                    (7) 
 
Therefore, from by Eq.(6) and Eq.(7), G can be written 
as follows.  

                                    (8) 
 
From Eq.(3) and (8), defining         as the gain 
coefficient,,  
 

                                    (9) 
 

By laplace transform of Eq.(9), assuming a tiny pressure 
change from the equilibrium point of no differential 
pressure, Pj(0)=0, i.e., Ps(0)≒Pc(0), Eq.(10) can be 
derived. 
 

(10) 
 

 
Since               ʆ       , and defining T as 
 
 

(11) 
 
the output of the differential pressure sensor Pj can be 
written as Eq.(12). 
 
     ʆ                             (12) 

So, it is clear that the output value of the differential 
pressure sensor Pj is T times value of dPs/dt, with 
1st-order lag filter. 

Now, suppose the divided value of Pj by T as the 
output of the proposed differentiator Pdo, as Eq.(13). 
                        

ʆ      
              (13) 

 
When the desired frequency band of the differentiated 

value of Ps is much lower than the cut off frequency of 
the proposed sensor, 

 
(14) 

 
the proposed apparatus is effective as a pressure 
differentiator. The sensor in this research is fabricated 
with the specifications shown in Fig.1. The theoretical 
cut off frequency of the developed sensor at Pc=180kPa 
abs is fc=317[Hz]. For more information about the 
developed sensor, see the reference paper [2]. 
 

 APPLICATION OF PRESSURE 
DIFFERNETIATOR TO ISOLATION TABLE 

 
Cascade pressure control system 
The pressure control system in vibration isolation 
system is required to satisfy the performance as an 
imperfect pressure integrator. For that reason, ordinarily, 
nozzle flapper type servo valves are widely used. But, in  
order to reduce the exhausted air flow rate from the 
servo valves, a cascade pressure control system using a 
spool type servo valve and the developed pressure 
differentiator is proposed. In Fig.1, suppose the affect 
by the volume change, PA/V*dx/dt, is negligibly small, 
measuring the differentiated value of pressure, dP/dt, is 
equivalent to measuring the flow rate. In order to realize 
an imperfect pressure integrator, a cascade pressure 
control system, with dP/dt as the minor loop, is 
constituted. The control cycle of the minor loop is 
designed as about 900 times of that of the pressure 
control loop. Therefore, the non-linearity and dead-point 
shift of the spool type servo valve are compensated, and 
the existence of the minor loop is almost negligible.  
 
Procedure of experiment 
Experiment was conducted with the apparatus shown in 
Fig.2. The volume of the isolator’s chamber is V=1.1×
10-3[m3], the mass of the table is 45.1[kg], and the 
surface area of the air spring is 72.4×10-4[m2]. The 
spool type servo valve used in the experiment is FESTO 
M5-SA. The gains are as follows : Kx:500[v/m], 
KxI:250[v/m], Ka:10[V/(m/s2)], K:2.53×104, Kp:1.55
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×10-4[1/s], Kpd:6.24×10-4[V/(Nl/min)], Kdp:20[V/Pa]. 
Fig.3 indicates the block diagram of the vibration 
isolation control system. 

In the experiment, at 0s time, the control is started, and 
after settled at the set displacement, the steady state 
vibration of acceleration is compared to the value before 
the isolation table is controlled to float. 
Experiment results 
The experimental results are shown in Fig.4. The 
proposed control method can float the table without 
steady state error and unwanted vibration. achieves the 
vibration isolation performance within the amplitude of 
2×10-3[m/s2]. The result is no way inferior to that of 
nozzle flapper type servo valve. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.2 Picture of vibration isolation system 
 

 
 
 
 
 
 
 
 
 
 
 
 

Fig.4 Experimental results of acceleration 
 
 
 
 
 
 
 
 

 
 
 

Table 1 Comparison of exhausted air flow rate 

 
Table 1 shows the comparison of the exhausted air flow 
rates on types of the servo valves. The proposed method 
can reduce the energy loss by exhausted air flow rate. 
 

CONCLUSION 
 
In this research, a pressure differentiator using an 
isothermal chamber and a cylindrical type laminar flow 
element is designed and fabricated. 

Then, the developed pressure differentiator is applied 
to the pressure control of the tank of the isolation table, 
as constituting the cascade pressure control system. An 
imperfect pressure integrator is developed with a spool 
type servo valve and a developed sensor. 
It is clarified that the proposed method can successfully 
control the vibration isolation table. 

It is also clarified that there is a possibility of realizing 
the air spring system with much lower exhausted flow 
rate and higher maximum control flow rate. 
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ABSTRACT 
 

Precise positioning system is required in the fields of semi-conductor manufacturing process.  A pneumatic servo table 
system is one of a precise positioning system. The features of the table are little friction force and little heat generation.  
Generally, the controller of this system is designed by neglecting the characteristics of servo valves. However, in high 
frequency band, the response of this system becomes unstable because of the characteristics of the valves.  In this 
paper, we demonstrate that by considering the characteristics of servo valves, the position control of a pneumatic servo 
table could be improved. First, the dynamic characteristics of servo valves were examined. It became clear that the 
characteristics could be described as a second-order system. Then, the servo table system was designed as a fifth-order 
system. It became clear that the position accuracy of this system were greatly improved. 
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Pneumatic System, Precise Positioning, Servo Valve, Pole Assignment 

 
 
 

Kvlv : valve gain        [m/(s2 V)] NOMENCLATURE 
 s  : Laplace operator       [1/s] 

a  : acceleration        [m/s2] Se  : effective area        [m2] 
f  : frequency         [Hz] α  : parameter of α−β diagram method  [-] 
j  : jerk          [m/s3] β  : parameter of α−β diagram method  [-] 
Ka  : table acceleration gain    [V/(m/s2)] ζ  : damping ratio        [-] 
Kn  : flow rate gain       [m/(s V)] ω0  : nominal angular frequency    [rad/s] 
Kp  : table proportional gain     [V/m] ωn  : natural angular frequency    [rad/s] 
Kps  : valve proportional gain     [V/m]  (suffix) 
Ksv  : linearized servo valve gain    [m2/V] t : value of servo table system 
Kv  : table velocity gain     [V/(m/s)] s : value of servo valve 
Kvs  : valve velocity gain     [V/(m/s)] ref : reference value 
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Servo Table

Pneumatic
Actuator

Servo Valve

Full Stroke of Servo Table = 300[mm]
Diameter of Pneumatic Actuator = 20[mm]

 

INTRODUCTION 
 

Precise positioning systems are very important in the 
fields of semi-conductor manufacturing process.  In 
this region electro-motion systems are widely used, but 
the heat from the motor disturbs the position 
controllability and the machining accuracy. 
To overcome the heat generation problem, we tried to 
construct pneumatic precise positioning system.  The 
features of the pneumatic system are little heat and little 
magnetic field generation.  However, the control of 
this system is very difficult because of the nonlinearity 
of pneumatic system such as stick-slip phenomena [1] 
[2]. 

a

 
Figure 1 Photo of Pneumatic Servo Table System 
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We have developed a pneumatic servo table system with 
air bearing.  The stick-slip phenomena were overcome 
by using air bearing.  This system reached high 
positioning accuracy.  However, in high gain region, 
the response of this system becomes unstable.  The 
reason of this unstable response is the dynamic 
characteristics of the servo valve.  Generally in a 
pneumatic servo system, the dynamic characteristics of 
the servo valve are neglected.  Because the dynamic 
characteristics of the servo valve is sufficiently high 
compared to that of the pneumatic servo system. 
In this paper, the dynamic characteristics of the servo 
valve were measured experimentally.  It can be 
described as a second-order system.  Therefore, the 
model of the servo table system considered the dynamic 
characteristics of the servo valve becomes a fifth-order 
system.  After that, we proposed the design method of 
the controller of this system.  To realize the proposal 
control method, the servo valve that can be set freely the 
dynamic characteristics is necessary.  Then we 
developed a novel servo valve, which named as the 
precise position controllable servo valve. 

 
Figure 2 Schematic Diagram of Pneumatic  

Servo Table System 
 

 
Third-order Model 
From linearized equations of this system, the open-loop 
transfer function of the pneumatic actuator is given as a 
third order transfer function [3]. 

By considering the dynamic characteristics of the valve, 
it is cleared that the rapidness and the position accuracy 
of this system are greatly improved.  

)(
)( 22

2

nt

ntn
n ss

KsP
ω

ω
+

=         (1)  
PNEUMATIC SERVO TABLE 

  Pneumatic Servo Table The natural angular frequency ωnt is under 60[rad/s].  
On the other hand, that of the servo valve ωns is over 
600[rad/s].  From this relation, the dynamic 
characteristics of the servo valves are negligible.  By 
neglecting the dynamic characteristics of the servo 
valve, the open-loop transfer function of the servo valve 
is given by; 

The pneumatic servo table system is one of a precise 
positioning system using air power.  This system has 
an air bearing on the sliding surface to reduce friction 
force. By using an air bearing, this system can control 
the slider position accurately. 
Figure 1 and 2 show the photo and the schematic 
diagram of this system.  This system is constructed 
from a pneumatic actuator with air bearing, a pair of 
servo valves and a PC to control system. 

 
svs KsP =)(           (2) 

  
A PDD2 control method was applied to this system.  
This control method feedbacks position, velocity and  
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Fifth-order Model acceleration. As a result, the closed-loop transfer 
function in the 3rd-order model is given by [3] We measured the dynamic characteristics of the servo 

valve experimentally.  Figure 4 shows the experimental 
result of the dynamic characteristics of the servo valve 
made by FESTO MPYE-5-M5-010 B-SA.  
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 (3). 
It can be described as a second-order transfer function 
given in Eq. (6). 
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Figure 3 shows the block diagram of the 3rd-order 
model.  We designed the feedback gains by α-β 
diagram method [4].  By using α-β diagram method, 
Kv and Ka are dominated by Kp, α and β . 
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The parameter α and β are defined from a suitable gain 
margin and a phase margin.  After that, Kv and Ka are 
dominated by Kp.  In this third-order model, the 
rapidness and the position accuracy are dominated by 
the value of Kp.  To improve these performances, the 
large value of Kp is required.  However, this system 
becomes unstable in the experiments when Kp is 
increased.  
This unstable phenomenon is considered to be because 
of the linearization of the system. Therefore, we studied 
the main factor of this instability.  It became clear that 
the main factor was the dynamic characteristics of the 
servo valve. Therefore, the control model that 
considered the dynamic characteristics of the servo 
valve must be considered. 

  
 Figure 4 Bode Diagram of Commercially Available  

Servo Valve 
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Figure 3 Block Diagram of 3rd-order Model 

 
   Figure 5 Block Diagram of 5th-order Model  
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From Eq. (1) and (6), the open-loop transfer function of 
this system with the dynamic characteristics of the servo 
valve is derived as a 5th-order function. 
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Then, the block diagram of whole system is shown as 
the Figure 5.  The closed-loop transfer function is 
given by 
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Root Locus on Fifth-order Model 
We examined the varying of the pole of this system 
from the root locus.  Figure 6 shows the root locus of 
this system.  From Figure 6, it is cleared that the pole, 
which dominated by the servo valve characteristics, 
moves unstable plane when Kp is over 80. 
To stabilize this system, a high performance servo valve 
that can set freely ωns and ζs is required.  Then, we 
developed a novel servo valve which named the precise 
position controllable servo valve 
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Figure 6 Root Locus of 5th-order Model 

 

PRECISE POSITION CONTROLLABLE  

SERVO VALVE 
 

A pneumatic precise position controllable servo valve 
has been developed[5].  Figure 7 and 8 show the 
external view and schematic diagram of this servo 
valve.  
To realize high dynamic characteristics, the performance 
of the displacement sensor to measure the spool position 
of the servo valve is very important. The resolution of 
this position sensor is submicron order.  Because the 
friction force of the spool disturbs the controllability of 
the servo valve, we attached an air bearing to this servo 
valve. 
The control method of this servo valve is the PD-control.  
Then, the block diagram of this valve is derived as 
Figure 9.  The closed-loop transfer function of this 
servo valve is given by 
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From Eq. (6) and (9), the control gains are given by 
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It is clear that we can design ωns and ζs at a certain value 
by gain tuning. 
The response of this servo valve was examined. In this 
experiment, ωns and ζs was set 300[Hz] and 0.7.  
Figure 10 shows the step response of the spool position.  
The spool position is settled promptly.  Figure 11 
shows the frequency response of the spool position at 
the frequency of 50[Hz].  The spool position follows 
well with the reference trajectory.  
Figure 12 shows the bode diagram of this valve. It is 
cleared that this valve can set ωns and ζs freely as we 
desired, and the dynamic characteristics are greatly 
improved compared with the commercially available 
one (Figure 4). 
 

 

  
  

Figure 7 Photo of Precise Position Controllable 
 Servo Valve 
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Figure 8 Schematic Diagram of Precise Position 

Controllable Servo Valve 
  
 Figure 11 Frequency Response of Developed  

Servo Valve (f =50[Hz])  
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Figure 9 Block Diagram of Developed Servo Valve 
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Figure 12 Bode Diagram of Servo Valve 

 
 CONTROL METHOD AND  

EXPERIMENTAL RESULTS Figure 10 Step Response of Developed Servo Valve 
  
 A control method for this fifth-order system was 

considered.  We selected the pole assignment method 
as ITAE criterion. The ITAE criterion is given by 
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We constructed a pneumatic servo table system with the 
precise position control servo valve.  The ITAE 
criterion pole assignment method was used for the gain 
tuning of this system.  
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The position following error of the servo table is 
reduced by the proposal control method.  The 
maximum position error is reduced to half and the 
steady velocity error is reduced to one-third.  It was 
shown that the controllability of the servo table is 
improved by using the precise position controllable 
servo valve. 
We aim decrease of the following error of the servo 
table by studying better gain tuning method. 
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Figure 13 shows the experimental results of the proposal 
controller and that of the previous control method. 
Upper figure shows the reference trajectories of the 
system.  The position reference trajectory is designed 
as 5th-order curve to control this system accurately.  
Lower figure shows the position error of the servo table.  
It is clear that the position error is greatly improved 
compared with a commercial available servo valve by 
using ITAE criterion control method.  

 

 
 

CONCLUSION 
 

We constructed a pneumatic servo table system 
considered the dynamic characteristics of the servo 
valve.  It became clear that the dynamic characteristics 
of the servo vale effects to the performance of the 
pneumatic servo table. 
In this paper we introduced a precise position 
controllable servo valve.  This valve can set freely the 
dynamic characteristics by gain tuning.  We measured 
the dynamic characteristics of this servo valve.  From 
the dynamic characteristics measurement, it is cleared 
that the dynamic characteristics of the servo valve is a 
twice of that of a commercially available one. 

100132 miyajima 6/6 



 
 
 

RESEARCH ON PNEUMATIC POSITION CONTROL 
SYSTEM BASED ON A NEWLY-DEVELOPED ROTARY 

ACTUATOR WITH A BUILT-IN BRAKE 
 
 

Yanhong BAI, Xiaoning LI and Baijun AN 
 

SMC Nanjing Pneumatics Center, School of Mechanical Engineering,  
Nanjing University of Science & Technology,  

Nanjing 210094, China 
(E-Mail: xnli@public1.ptt.js.cn) 

 
 
 

ABSTRACT 
 

In this paper, a newly developed pneumatic rotary actuator is introduced, which is specially designed for angular position 
control.  The actuator incorporates a built-in air brake and an angular displacement sensor.  The basic behavior of the 
brake is tested.  On this basis, for angular position control some control systems are proposed.  The first system is the 
on-off valve-based position control system, which has the advantages of simple control algorithm, easy implementation 
and lower cost.   The second system is the proportional valve position control system with simple PID algorithm, 
which can reach a required positioning accuracy but with a lower stiffness against disturbance.   The third system is 
the proportional valve position control system with a composite control strategy of PID combined with brake aided 
positioning, which can reach the same positioning accuracy and no overshoot with disturbance takes place, as compared 
with the simple PID. 
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Pneumatic rotary actuator; Position control; Brake; Proportional valve; PID algorithm  
 
 
 

INTRODUCTION 
 

Currently, there are mainly two approaches to 
implement the pneumatic position control.  One is the 
pneumatic position servo system, in which the 
proportional /servo valve or on-off valve is used as a 
control device.  This type of system has not been 
widely used due to its high cost and low stiffness with 
the effect of the compressibility of air.  Another is the 
positioning system, in which the pneumatic actuator 
with brake is used.  For this system, the positioning 
stiffness is higher, but the positioning accuracy is lower. 
Therefore, it is expected that a new control mode that 
combines the merits of the above-mentioned control 
systems would be researched and developed [1-3]. 

Because of the difficulty in the structure, there is not a 
market product of pneumatic rotary actuators with brake 
providing for use. 
In this paper, the structure of a newly developed 
pneumatic rotary actuator with a brake (abbreviated as 
RAB) is introduced.  For further control purpose, the 
basic property of the air brake is studied.  On this basis, 
the angular position control of the new rotary actuator is 
demonstrated. 

 
THE STRUCTURE AND OPERATION 

MECHANISM OF THE PNEUMATIC ROTARY 
ACTUATOR WITH A BRAKE 

 
Structure of the Rotary Actuator with a Brake (RAB) 
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As shown in Fig. 1, the developed RAB consists of 
three components: pneumatic rotary actuator, brake unit 
and angular position detection unit. The photo of the 
RAB prototype is shown in Fig.2. 

Rotary acutator Brake unit

Angle
detection
unit

Body of brake pusher

Mandrel

Working chamber

Diaphragm

 

 
Fig. 1 Scheme of the RAB structure 

 

 

 
Fig. 2 Photo of the RAB prototype 

 
 

In the RAB, the component of the rotary actuator is 
similar to the structure of an ordinary pneumatic rotary 
actuator of vane-type. A rotary potentiometer is used as 
an angular displacement sensor, which is mounted in the 
component of angular position detection unit.  The 
brake unit consists of a brake operator and a brake 
pusher.  In following sections, the structure and 
operation mechanism of the brake unit will be 
introduced in detail. 
 
Structure and Operation Mechanism of the Brake 
Pusher 
As shown in Fig.1, the component of the pusher consists 
of the diaphragm, the hollow mandrel and the body of 
the brake pusher.  The diaphragm is fixed on the 
mandrel and the mandrel is fixed on the body of the 
brake pusher.  The diaphragm, the mandrel and the 

body of the brake pusher form the working chamber.  
When pressurized air is charged into the working 
chamber, the deformation of the diaphragm is produced 
and a pushing force is exerted on the tapered disc B in 
the brake operator. If the air is discharged from the 
working chamber, the deformation of the diaphragm is 
removed and the pushing force is also removed.  
In order to measure the shaft speed, a rotary 
potentiometer should be connected to the shaft of the 
tapered disc A.  So the mandrel is made hollow. 
 
Structure and Operation Mechanism of the Brake 
Operator 
As shown in Fig. 3, the brake operator mainly consists of 
the tapered disc A, the tapered disc B and the body of the 
brake operator.  The tapered disc A is fixed on the 
rotary shaft and rotates together with the shaft.  The 
tapered disc B is mounted in the body of the brake 
operator and its rotation is restricted only with the 
permission of linear motion along the direction of the 
shaft.   
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Fig. 3 Scheme of the brake operator 
 
 

From Fig. 3, the operation mechanism can be illustrated.   
When tapered disc B is pushed by the diaphragm in the 
pusher component (see Fig. 1), it moves along the axial 
direction and exerts a force on the tapered disc A, so as 
to generate a friction torque on the shaft through the 
tapered disc A.  The shaft rotation will be reduced or 
ceased with the torque.  When the pushing force of the 
diaphragm is removed, the diaphragm will restore its 
initial state and the tapered disc B will return its initial 
position with the action of the reset springs.  
 

HOLDING TORQUE OF THE BRAKE 
 

Theoretical Analysis of the Holding Torque of the 
Brake 
 



(1) Holding torque of the brake operator 
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Fig. 4 Friction torque analysis of the tapered disc 

 
 

The holding torque of the brake operator is the friction 
torque on the two conical surfaces of the tapered discs.  
According to Fig. 4, the pressure vertically exerted on 
the conical surface can be expressed as 
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Therefore, the friction torque on the conical surfaces 
exerted by the pushing force F is derived as 
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Where θ is inclined angle of the conical surface, R1  is 
top radius of the tapered disc A, R2 is bottom radius of the 
tapered disc A, F  is axial pushing force and µ  is 
friction coefficient. 
Eq. (2) indicates that the holding torque of the brake 
operator is proportional to the axial pushing force. 
 

(2) Pushing Force of the Brake Pusher 
The pushing force exerted by the brake pusher comes 
from the deformation of the ring diaphragm with the 
compressed air.  The force analysis of the deformation 
of the diaphragm with small deflection is shown in Fig.5. 
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Fig. 5 Force analysis of the diaphragm 
 
 

According to Fig.5, the pushing force produced by the 
diaphragm can be derived as 
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Where D1 is diameter of the working chamber, D2 is 
diameter of the mandrel and p is air pressure in the 
working chamber. 
Eq. (3) indicates that the pushing force produced by the 
diaphragm is proportional to the pressure in the working 
chamber. From Eq. (2) and (3), it can be seen that the 
holding torque of the brake is proportional to the pressure 
in the working chamber. 
 
Experiments of the Holding Torque of the Brake 
Experiments are carried out to measure the relation of 
the holding torque and the supply pressure.  The 
measured curve is shown in Fig.6.  From Fig. 6, it can 
be seen that the holding torque is approximately 
proportional to the supply pressure in the working 
chamber.  This indicates that the experimental result is 
coincident with preceding theoretical analysis. 



 
Fig. 6 Holding torque versus supply pressure in      

the brake working chamber 
 
 

POSITION CONTROL OF THE RAB 
 

RAB Position control system based on on-off valve 
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Fig. 7 Schematic constitution of the position control 
system based on on-off valve 

 
 

As shown in Fig. 7, an on-off valve-based position 
control system is built up, in which ordinary solenoid 
valves are used for controlling the rotary actuator and the 
brake.  Considering the response time of the solenoid 
valve and the braking distance of the brake, the actuator 
will continue to rotate for a certain time interval after 
the stop signal is sent.  The rotating angular distance of 
the actuator within this time interval is defined as 
overrun-distance. 

Offset

Start point Brake point Target point Stopping point

Positioning
error

 
 

Fig. 8 Schematic of the positioning process 
    with offset compensation method 

 
Therefore to remove the practical influence on the 
accurate positioning, an offset compensation method is 
proposed.   From Fig. 8, the principle of the offset 
compensation method can be illustrated. When the 
actuator rotates to certain position ahead of the target 
point, the stop signal is sent in advance. Thus the system 
will stop near the target point with less positioning error. 
Experiments are conducted with different loads and 
target positions.  The measured positioning errors with 
5 kg load are listed in Table 1. 
 
Table 1 Positioning error measured with 5 kg load 
Speed(°/s) 224 418 739 

Target 
position (°) 90 150 240 90 150 240 90 150 240

Positioning 
error (°) 0.26 0.25 0.48 0.78 0.91 0.02 1.18 0.13 0.33

 
Experimental results show that the positioning error is 
within the range of ±2° if the target rotary angle is 
beyond 90°.  However if the target rotary angle is 
smaller than 90°, the speed of the actuator is unsteady in 
its running and the compensation value is difficult to be 
given. Experimental data involving this part has not 
listed yet.  To improve the control performance with 
the smaller rotary angle, further research work is 
needed.  
It can be seen that the position control system based on 
on-off valve has advantages of simple control algorithm, 
easy implementation and lower cost.  
 
Position control system based on proportional 
pressure valve 
In proportional valve-based position control system, two 
proportional pressure valves are used for controlling the 
pressure in the chambers of the rotary actuator.  A 
solenoid valve is used for controlling the brake, as shown 
in Fig. 9. 
To improve the performance, another control mode is 
explored.  For this control mode, a composite control 
strategy of PID algorithm combined with brake aided 
positioning is adopted.  As we know, the actuator 
would be decreased to a lower speed when it approaches 
the target points with PID control mode and could 
acquire a higher positioning accuracy.   In this case if 
the actuator rotates at a low speed, the effect of the 
brake could be sufficiently obtained.  This feature can 



be utilized to form the basis of the composite control 
strategy, i.e., PID control algorithm combined the 
method of brake aided positioning.   
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Fig. 9 Scheme of the position control system based    
on proportional pressure valve 

 
We can describe the positioning strategy in detail.  First, 
PID control algorithm is used for controlling the motion 
of the rotary actuator.  Then, as the system enters into 
quasi steady state, the brake is operated to make the 
system into the steady state quickly, at the same time, 
PID algorithm is ceased and the proportional valves are 
switched off.   The quasi steady state is defined as the 
state in which the error is kept within the desired 
precision range during a time interval. 
The step response of the system with external force 
disturbance is shown in Fig. 10. From Fig. 10, it can be 
seen that with PID control the positioning precision is 
higher but there exists larger overshoot with disturbance.   
Adopting PID control strategy combined with brake 
aided positioning, the same positioning accuracy can be 
obtained and no overshoot with disturbance takes place, 
as compared with simple PID algorithm. 

 
CONLUSIONS 

 
For meeting the practical requirement of a pneumatic 
rotary actuator with brake in industrial automation 
systems, a new pneumatic rotary actuator with brake 
(RAB) is developed and introduced.  Based on this 
RAB, some control systems are presented and tested.  
The first one is the on-off valve-based position control 
system, which has the advantages of simple control 
algorithm, easy implementation and lower cost but with 
the default of low accuracy.  To increase the 

positioning accuracy, another proportional valve-based 
position control system with simple PID algorithm is 
presented, which can reach a required positioning 
accuracy but with a lower stiffness against disturbance.  
To improve the performance against disturbance, the 
third system is presented, which is the proportional 
valve position control system with a composite control 
strategy of PID combined with brake aided positioning.  
Experiments have shown that the system with the 
composite control strategy can reach the same 
positioning accuracy and no overshoot with disturbance 
takes place, as compared with simple PID algorithm. 

 
Fig. 10 Step response with external disturbance 
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Today, the technical subject for the air pump used in the offset printing machine is to reduce sliding friction and wear of 
vanes. If we could improve the energy efficiency, we could successfully design a smaller air pump with a longer life. 
In this paper, first of all, total power consumption of the air pump was measured by axial torque and analyzed according 
to components of a frictional force. As a result, it was found that most of the power is consumed at the sliding face 
between vanes and housing cylinder in the air pump. The power increases significantly due to the sliding friction 
between the vanes and their guide slots of the rotor, especially when the vanes are forced to move inward. On the basis 
of these results, the importance of the sliding friction of the vanes was confirmed quantitatively and the arising 
mechanism of the sliding friction of a vane against the slot face of the rotor was investigated theoretically as well as 
experimentally, and finally, we proposed some counter measures to reduce the sliding friction of vanes. 
 

1. Introduction 
 
A Rotational moving-vane-type air pump for 

suction-blow (it is henceforth called an air pump for 
short) has a feature in operating two functions, 
suction and blow, by one set of pump. This air pump 
has a process of a suction and blow of air in a 
rotation of the rotor (one cycle), and this function has 
been utilized for handling papers in printing 
equipments as a source of air. For example, the air 
pump contributes to reducing the energy loss because 
the pipimg length can be shortened, also the air pump 
can adjust the pressure and amount of flow precisely. 
Therefore this air pump becomes the indispensable 
equipment to support the transfer and separation of 
papers in factories. 
However the temperature of an air pump becomes 

70 ～ 100 ℃ during the long running time and 
continuous operation and the lubricant oil becomes 
mist by the increase of the evaporation pressure and 
higher degree of vacuum. The mist of the lubricant 
oil becomes the source of the air pollution to damage 
the working environment and may produce the 

inferior goods by sticking to the papers. Also it has 
lately drawn attentions that the worn-out lubricant oil 
becomes the industrial waste. 
In the context of the facts shown above, a 

non-lubricant type dry air pump has drawn attentions 
and started to be developed and some have been 
already commercialized. However there are several 
technical problems such as excessive generation of 
heat and noise, and the increase of the power 
consumption. Furthermore the papers tend to be 
polluted by the carbon powder due to abrasion in 
exhaust air because the vane for dry air pump is 
made of carbon and also the structure of dry air 
pumps follows that of the conventional lubricious air 
pump. Eventually it is necessary to install the air 
filter in order to remove the carbon powder in air.  
Although the importance of the characteristics of 

friction between the vane and the housing cylinder 
face for dry air pumps is commonly recognized, the 
pronounced rational solution has not been found 
because it is difficult to measure and observe the 
vane friction inside in a sealed housing. 
There are some references (1) which describe the 



analysis of the dynamics about the motion of vanes 
in the oil pump whose structure is similar to the air 
pump, however it is not easy to presume the motion 
of the air pump from phenomena of oil pumps 
because there are clear differences between oil and 
air in terms of sliding conditions, pressure , etc... 
Therefore the systematic investigations on the 
motion of a vane and the characteristics of friction 
for the air pump are strongly required.  
 

2. The objectives of the present research 
 
Although the objectives of the present study are to 

obtain the basic data for the development of a dry air 
pump, the present paper describes the conventional 
lubricous air pump focusing on the mechanism of the 
behavior of the vane.   
 In fact, housing temperature of a dry air pump rises 
significantly due to the friction at the sliding area by 
the action of the vanes. However, authors consider 

that there is basically no difference in the mechanism 
of the behavior of vanes between the conventional 
lubricous air pump and the dry air pump. Therefore, 
the first step should be to clarify the mechanism of 
behavior of vanes with the conventional 
lubricous-type air pump which gives less temperature 
affection to the experiments. The quantitative 
analysis of the characteristics on the friction between 
the vane and housing at the sliding area in the 
lubricous type air pump may reveal the knowledge 
which contributes to obtain the fundamental view to 
improve the performance of the dry air pump. 
 

3. Experimental arrangement 
 
The friction force which is consumed between the 

vanes and housing was measured and analyzed based 
on the experimental data; i.e. the ratio of the friction 
component in the entire torque consumed, the effect 
on the friction of the vanes by the air pressure in the 
front room and the back room of the vane during the 
suction and exhaust, and the behavior of a vane 
which go in and out along the rotor slot. 
Although the present study deals with the 

commercial air pump (Napico Ltd., suction pressure: 
0.5kPa, exhaust pressure: 0.5kPa, air flow:300 l/min, 
total number of vanes: eight sheets), several parts 
have been modified in order to separate and measure 
the friction force at the sliding area. They are  
followings. First of all, the structure of a rotor and 
housing is rebuilt in rotating independently. A strain 
gauge which measures the operating torque between 
the motor and the main axis and also the strain gauge 
which measure the friction are mounted between the 
vane and housing at the sliding area. The sheath type 

Fig.1 Constitution of the experimental system
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Fig. 2  Structure of a vane pump 

Specifications of air pump 

 Suction Blow 

 

Pressure 

  kPa

－60～0 0～60 
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Table.1  Machine specifications and material



thermocouple was mounted to the upper part of the 
housing for measuring the average temperature of the 
entire system.  Fig 1 shows the experimental setup 
for the present study and Fig 2 show the description 
of the main structure of the air pump. The table 1 
indicates the specifications and the materials of the 
pump used for the present study.  
 There are two kinds of the arrangement for the 
vanes. First of all, the number of the vanes is 
increased one by one following the order of the 
position of rotor slots. Second arrangement is that 
two vanes and four vanes are symmetrically mounted 

respectively about the axis. The number of rotation is 
increased by every 50rpm from 550rpm to 750 rpm 
and the experiments were carried out and followings 
were measured; ①the operation power of an air 
pump without the vanes.(the main power should be 
the friction consumed in the bearings which was 
about 0.7N for the present study), ②the friction 
between vanes and housing at the sliding area(it is 
measured as “the operating power of an air pump – 
power loss by bearings” ), ③ the maximum 
temperature of the housing (measured by the 
thermocouple), ④the flow rate and pressure of the 
air blow and the air suction (measured by the 
ultra-sonic flux gauge and pressure gauge). 
 Fig 3 shows the shape of cast iron vanes. It is 
depicted that there are two different types of vanes; 
one of them has two grooves (depth 0.5mm×width 
5mm) and the other has no grooves. This grooves is 
designed for penetrating the pressure of the bottom 
of the rotor slot to the vane room. The top of the vane 
which is the contact area was manufactured by a 
milling machine (curvature: 10R) and by a lathe 
(curvature: 62R) and the two kinds of curvatures 
were formed unwillingly due to the limitation of the 
manufacturing technique. 
 

4. Statics analyses of a vane 
 
 The external force (Normal force FN and 

Tangential force FT to a vane main face, or Contact 
force Fc and Frictional force Ff to sliding surface) 
was expected to act to the rotating vane from the 
sliding surface as shown in Fig.4. 
 The frictional force Ff can be expressed as follows; 
 
 
 
 

 
･･･････ (1)  
 

By solving the equations, the sliding friction Ft can 
be expected to be a function of the rotating angle θ of 
a rotor. For example Fig 6 shows the calculated value 
of the friction by neglecting the friction between the 
vane and a guide slot of a rotor, where we assumed 
that the sliding friction is generated only by the 
centrifugal force. The mass of a vane is about 0.0119 
N and the centrifugal force at the number of rotation 
650 r.p.m can be about 3.5N (maximum) ～ 2.3N 
(minimum) and up to 2.8N (the average). Here, by 
assuming the frictional coefficient between a vane 
and housing as μ= 0.2, the average sliding force 
(frictional force) Pcal becomes about 0.28N. 
The fluctuation of the friction force in one rotation 

shows a sine curve. This is due to the eccentritity of 
the centre of the rotor and the accompanied change 
of the normal component of the force to the housing 
surface; in any case this fluctuation is small. On the 
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other hand, it is confirmed that the absolute value 
and changing component are remarkably different 
from experiments as describe in the next section. It 
could be estimated that the friction at the clearance 
(μR1, μR2) between a vane and a rotor slot affects the 
sliding friction force of the vane Ft. For example, Fig 
6 shows the sliding force on the housing cylinder by 
assuming the coefficient of the sliding friction along 
the guide slot of a rotor μs. The absolute value 
increases remarkably compared with the value for 
μs=0 and the fluctuation curve becomes a sine wave 
with a rotating cycle. Also it becomes clear that the 
pattern of the fluctuation and phase is similar to the 
measured ones. 
 

5. Result and Discussion 
 
5.1 Performance of the air pump with one vane  
Fig 5 shows the relation between the process of 

suction and exhaust of an air pump corresponding to 
the rotating angle θ to the housing. While the vane 
goes in and out along the sliding surface of the 
housing cylinder in one rotation and operates the 
suction and exhaust by changing the volume of the 
vane room, the sliding force between the vane and 
the housing is fluctuated. At the moment, 
experiments by one vane provides the crucial 

Fig. 5  Rotation angle of a rotor and pumping 
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fundamental information for analyzing the resistance 
of the sliding vane because the pressure in the vane 
room does not change for one vane. The numerical 
shown in the same figure indicate the rotational angle 
(CCW) of the rotor whose basic point is the position 
of the minimum clearance between the rotor and 
housing.  
 Fig 6 shows the measured friction force at the 
sliding area between the top of vane and the housing 
cylinder, and calculated friction force by centrifugal 
force, together with protruding length of the vane.  
There are clear similarity and difference for the 

vanes with and without grooves. The value becomes 
smaller for the vane without grooves and the value 
becomes larger near the exit of the exhaust, also there 
seems no repeatability and stability in the 
characteristics  in case of the flat (without grooves) 
surface. This is because the sealed space enclosed by 
the rotor slots and the bottom of the vane causes the 
change in friction force which is affected by the vane 
pressure against the sliding area of housing, 
preventing the vane motion of going in and out due 
to the change of the pressure in the sealed space. 
The motion of the vane without grooves is difficult 

to follow the centrifugal force by the rotation. This 
might be the reason why the sliding force is nearly 
constant. On the other hand, the vane with grooves 
shows a large periodical change in the sliding force 
which follows the change of the protruding amount 
of vanes. Similarly this change shows the similar 
tendency which does not depend on the roughness of 
the machined top surface of vanes.  This change of 
the vane with grooves shows the tendency which is 
similar to the change ratio of protruding length of the 
vane as described in the previous section. The sliding 
force decreases at first and then increases with the 
rotating angle of the rotor from 0 to 180°. This is 
because the sliding force decreases at first because 
the vane is difficult to move with the rotating angle 
of rotor and then it begins to increase just after it 
started to move. The sliding force increases at first 
and then decreases in the rotating angle of 180 ～ 

360°. The reason of the increase of sliding resistance 
is that larger protruding length of a vane hookes the 
corner of the rotor slot and preventes insertion and 
eventually the force is increased. Also the reason 
why the sliding force is decreased is that smaller 
protruding length of a vane becomes difficult to hook 
the corner of the rotor slot with the less effect of the 
pressure in the vane room. In any case it can be 
concluded that the effect due to the sealed space 
enclosed by the rotor slot and the bottom of the vane 
plays an important role. 
 
5.2 The performance of the air pump with two 
and more vanes.  
Fig 6, 7 and 9 show the relation between the 

number of vanes and the friction force. These figures 
show the fact that with rotating angle of the rotor, the 
minimum value of the sliding power against housing 
cylinder becomes larger with increase of the number 
of the vane. The reason why the sliding power 
decrease near the position of the exhaust port is that 
there is no resistance at the top of the specified vane 
because the vane is added one after another 
backward to the rotating direction of vane. Fig 7 
shows the sliding power in terms of the rotational 
angle for the seven and eight vanes with grooves. As 
shown in the figure, there is no difference between 
vanes machind by the milling and lathe, and the 
sliding power of the housing is kept constant when 
the number of the vane is eight. On the other hand 
the sliding power start to decrease when the angle of 
the rotor is about 180 degree. This is because the Fig. 8  Explanatory diagram of  room pressure 

enclosed by a rotor and vanes 
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volume of the advanced vane room is twice as large 
when the setting position of a vane is 0 degree. Also 
the sliding resistance decreases due to the decrease of 
the pushing power of the vane by the pressure in the 
vane room when the advanced vane passes the 
starting location of exhaust port (as shown in Fig 8).  
Fig 9 shows the comparison of the sliding resistance 

of one and two vanes which are machined by lathe 
and have grooves. There are three patterns for the 
setting of two vanes, they are ①next to the slot of 
the rotor ②every other of the slot of the rotor ③
axial symmetrically. In case of the sliding power, the 
two vanes which are set in one every other and that 
which are set continuously have same tendency as 
that for one vane. However in case of the 
symmetrical two vanes, it has completely different 
tendency whose fluctuation is smaller and shows the 
constant value. This is due to the averaging effect of 
the sliding power when the going in and out of the 
vane happened in the same phase for the axial 
symmetrical case.  
 The two vanes which are located next together and 
one every other show the clear difference in the 
sliding power against the housing cylinder. This is 
because the action of vacuum and compression are 
produced in the vane room enclosed  by the two 
vanes. It can be assumed that the resistance of inward 
and outward-movement of the vane increases when 
the sliding face of the rotor slot and the corner of the 
rotor slot contact together with the vane which is 
pushed toward the direction of the next room when 
the pressure difference of adjacent vane rooms and 
sliding resistance between the surface of the housing 
and the corner of the rotor slot are added. In fact, 
under such a operating condition, wear marks are 
produced within a short time elapsed as shown in Fig 

10, therefore the assumption would be reasonable.  
 The volume of the vane room is different twice as 
large for the two vanes next together, compared with 
the vanes one every other. Therefore it can be 
concluded that the effect of the pressure difference is 
caused by the ratio of the vane room capacity.  
 The bottom space of the vane depends on the vanes  
with and without-groove of the main face. This 
follows the same reason as for one vane.  
 Also it can be considered that the depth of the 
protruding and insertion of the vane affects the vane 
motion of going in and out. It is evident as shown in 
equation (8) that the protrude height of e(θ) is the 
factor to affect the reaction R1 and R2. And it is also 
similar when the vane insert to the slot of rotor. 
Practically, however, it is strongly dependent on the 
sliding resistance rather than the height of the 
protruding as denoted before.  
 

6. Conclusion 
 
The authors discussed vane behaviors and frictional 
energy of a air pump experimentally as well as 
theoretically. 
The results obtained in the paper are as follows: 
(1) Most of the power of the air pump is consumed 

by the friction between vanes and a rotor as well as 
between the housing and vanes. 
 (2) The most important factor for the power 
consumption of the air pump is the friction between 
vanes and a rotor slit, which are influenced by 
reaction forces acting at the inlet corner of a rotor slit 
and an edge of a vane blade which contact the slit 
face of a rotor.  
(3) Friction force between vanes and housing slide 

face is affected negligibly small by centrifugal force 
of vanes during the rotor rotation.  
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ABSTRACT 
   

:  This paper shows a performance analysis for conical type sealless cylinders and rod bearings. The pistons without 
seal have partly cylindrical and conical shapes. 2 dimensional Reynolds equation and FD(finite differential) numerical 
techniques are utilized for the performance analysis. The relationship among self-centering forces and leakage flows are 
investigated. Also, optimal design values for a sealless cylinder are presented. A prototype of sealless cylinder which 
had rod bearing with four pockets, five pockets, and six pockets was manufactured respectively. Leakage flow test is 
conducted to evaluate performance of piston and rod bearing in sealless cylinder.  
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NOMENCLATURE 
 

Q1, Q2, Q3: Supply flow  
QA, QB, QC: Leakage flow 
h1, h2: Membrane thickness 
c1, c2: Clearance between piston and cylinder 
ps: Internal pressure 
 pa: Atmosphere pressure 
 L: Length of piston 
Є: Eccentricity 
m : Leakage flow 

 
 
 
 
 
 
 

 
1. INTRODUCTION 

 
Because the general cylinders use sliding seal, it causes 
the high friction force and adherence phenomenon 
when it operates in low speed, and the use of the 
cylinders is not proper in the clean room and high 
temperature and high pressure environment. 
Accordingly, in this study, sealless cylinder attaching 
conical-type piston without seal is proposed to 
complement the handicap. This technology can be 
widely applied to servo actuator responding highly 
speedy and precise linear movement. 
Fig. 1 shows the basic structure of the sealless cylinder. 
Piston A is composed of two parts of conical portion 
and cylindrical portion, and it has symmetry structure 
based on outlet groove in middle area. When the 
pressure is applied to inside of cylinder, self-centering 



force happens, which becomes stronger when the 
piston moves to left and right sides reciprocally. 
Therefore, it has a function of composition bearing in 
which both static pressure effect and dynamic pressure 
effect act together. Part B is static gas 
pressure-supporting rod bearing, and Part C has the 
same function as plane seal. 
The following correlation can be drawn from flow 
conservation law. 
 

CBA QQQQQQ ++=++ 321              (1) 
 
Sealless cylinder was originally proposed by Guido 
Belforte[1][2], he predicted the performance by 
deriving the approximate solution of 1D Reynolds 
equation for the non-moving cylinder. 
On the contrary, in this study, 2D Reynolds equation 
for reciprocal moving sealless cylinder was derived 
and the solutions were obtained by finite difference 
method, and then the optimized design conditions were 
proposed by performing the performance analysis of 
piston and rod bearing. Finally, feasibility of the design 
is verified by measuring the leakage flow after 
manufacturing of the test products. 
 

 

Figure1 Sealless pneumatic cylinder 

 

 

(a) Conical type piston 

 

 

(b) Rod bearing 

Figure2 Geometry of the sealless cylinders 
 

2. THEORY ON PERFORMANCE ANALYSIS  
 

2.1 Performance analysis of piston  
For performance analysis of sealless cylinder, conical 
type piston and rod bearing type are proposed as seen 
in Fig. 2(a),(b). Piston is composed of conical portion 
and cylindrical portion, high pressure, ps, are acted on 
the side (face 1) and atmospheric pressure, pa, are acted 
on the opposite side(face 3) 
The thickness of air layer between piston and cylinder 
is as follows. 
 

h1 = c1 + ecosϴ  (0 ≤ y < nsL)            (2) 

h2 = c2 + ecosϴ  (nsL ≤ y ≤ L)            (3) 
 
Where, c1 and c2 represent the gaps at each position in 
radial direction. If c2 = c is assumed, the following 
equation can be drawn. 
 

1
s

sc c s
n L

= + − y                 (4) 

 
The governing equation for the piston can be expressed 
as dimensionless Reynolds equation derived by 
assuming the constant temperature process in air layer. 
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The dimensionless variables are as follows.  
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y Lη=                     (7) 
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When eccentric ratio is defined as follow,  

e
c

ε =                     (11) 

 
The thickness of air layer can be expressed as 
dimensionless forms. 
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ε θ= +                 (12) 

1 cos2H ε θ= +                 (13) 
 

The boundary conditions are as follows.  

 
P Po sη ==  
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2P Poθ θ π== =   

 

The leakage flow can be calculated as follow.  
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2.2 Performance analysis of rod bearing  
Rod bearing is a kind of gas static pressure bearing. 
Piston rod reciprocally moves in axial direction, the 
rod is supported by using constant pressure. When high 
pressure, ps, is supplied through orifice, constant 
pressure, pr, is maintained, which supports the piston 
rod. 
The thickness of air layer between rod bearing and rod 
is as follow. 
 

cosh c e θ= +                  (16) 
 

The governing equation for rod bearing is the same as 
equation (4).The thickness of air layer can be 
expressed as dimensionless forms.  
 

1 cosH ε θ= +              (17) 
 
The boundary conditions are as follows.  

1

0 2

1
O

P P

P P
η η

θ θ π

= =

= =

= =

=
                (18) 

 
The leakage flow can be calculated as follows.  
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3. RESULT OF PERFORMANCE ANALYSIS  

 

3.1 Calculation of pressure distribution  
Fig. 3 is a calculating result of pressure distribution at , 

. It can be predicted in the 
figure that self-centering force at the center region 
occurs due to pressure difference at 

0.5, 0.8, 7
s s

n p bε = = =

0θ = and 
180θ = . 

 
3.2 Effect of eccentric ratio on performance  
Fig. 4(a) and (b) show centering force and leakage 
flow against eccentricity variation of conical piston and 
rod bearing at ns = 0.8. The centering force and leakage 
flow increase as eccentricity increases. It can be seen 
from Fig. 4(c) that the optimized values occur at ε  
=0.7 for both conical piston and rod bearing by plotting 
the load/leakage value to maximize the centering force 
and to minimize the leakage flow. 
 
 

 
(a) conical piston (Є =0.5,ϴ =0.8) 

 

(b) rod bearing (Є =0.5) 

Figure3 Pressure distribution 
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(b) Leakage 
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(c) load/leakage 

Figure4 Eccentricity vs. performance curve 
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Figure5 Piston clearance ratio vs. performance curve 
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Figure6 Rod bearing clearance vs. performance curve 

 
 

Table1. Dimensions of Sealless Cylinder 
Contents Length 

Cylinder Diameter  50mm 

Stroke 500mm 

Total Piston Length 208mm 

Cylindrical Piston Length  18mm 

Conical Piston Length  82mm 

Clearance  10μm 

Tapered Length  20μm 

 
 

 

Figure7 Drawing of Sealless Cylinder 
 

 

Figure8 Prototype of Sealless Cylinder 
 
3.3 Clearance ratio and effect of clearance on the 
performance  
Fig. 5 and Fig. 6 represent the variation of the 
load/leakage value against piston clearance ratio and 
rod bearing clearance to maximize the centering force 
and to minimize the leakage flow. In case of piston, the 
optimized value occurs when clearance ratio is 0.5, and 
in case of rod bearing, the clearance should be small. 
It is recommended in real design to determine the 
satisfactory clearance after fixing the maximum 
leakage flow. 
 

4. OPTIMIZED DESIGN AND 

MANUFACTURING OF TEST PRODUCT  

 
Sealless cylinder with optimized conditions based on 
analysis results was designed and manufactured. The 
design specification of the sealless cylinder is as Table 
1(3). 
Fig. 7 is a drawing of the sealless cylinder, and Fig. 8 
is a prototype of piston and rod bearing of 
manufactured sealless cylinder. Fig. 9 represents the 
type of rod bearing. 



 
4 Pocket 

 
5 Pocket 

 
6 Pocket 

Figure9 Rod Bearing (4, 5, 6 Pockets) 

 

5. LEAKAGE FLOW AND OVERALL 

PERFORMANCE EXPERIMENTS 

 
5.1 A schematic of experimental apparatus and 
pictures  
 The experimental apparatus for overall performance 
evaluation was composed as Fig. 10. The compressed 
air is controlled by servo valve, load cell was attached 
to measure the friction force, position and velocity 
sensor, LVDT, was also attached, the sensors to 
measure pressure and flow rate was attached. 
An air tank provides the cylinder through a FRL unit 

with Air. The equipped sensors can measure pressure 
and flux and the supplied Air can be controlled from 
servo valve. Also Load Cell and LVDT can measure 
friction, velocity and displacement at the edge of the 
cylinder. The acquired signals through sensors can be 
analyzed from PC. 
Fig. 11 is a picture of controller part and mechanism 

part of the experimental apparatus for overall 
performance evaluation. 
 
5.2 Experimental results  
Fig. 12 is a result for reproducibility confirmation of 
servo actuator by input of triangle wave to servo 
valve.   The Experiment was performed with a 
variation of controlling voltage from 5V to -5V under 
the condition of Pa=1 ㎫ and Q=250ℓ /min. It is 
confirmed through two experiments that the time when 
maximum controlling voltage, 5V, occurs is identical.  
Fig. 13 is a result for reproducibility confirmation of 
servo actuator by input of rectangular wave to servo 
valve like above experiment. As a result, the 
reproducibility of servo actuator was confirmed.  Fig. 
14 shows a result of dynamic characteristics of 
Gain/Phase/Hz by using sine wave. 
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Figure10 Performance Experimental Apparatus 

 

 
Figure11 Measurement Apparatus of 

Performance Tester Apparatus 
 

 

Figure12 Repeating test using triangle wave 

 

 
Figure13 Repeating test using rectangular wave 

 
Fig 15 shows a measuring value of leakage flow of 
piston. Internal pressure was kept at 6 bars and it 
represents leakage flow at each position due to 
variation of stroke. At the initial stage, leakage flow is 
high, but it becomes lower as the piston operates. 
Finally, the difference of leakage flow is twice. 

 



 

Figure14 Repeating test of Gain/phase/Hz 
using sign wave 
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Fig. 15 Leakage flow of piston  
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Fig. 16 Leakage flow of rod bearing  

 
It was confirmed that precise manufacturing is 
excellent, judging from the fact of the leakage flow 
was evaluated to be approximately  2～6ℓ /min which 
agrees with theoretical analysis result. Fig. 16 shows a 
measured leakage flow of rod bearing. 
The experiments using 4, 5, and 6 pocket bearing were 
performed. Internal pressure was kept at 6 bars and it 
represents leakage flow at each position due to 
variation of stroke. 4 pocket bearing has the smallest 
leakage flow, 2.5 ℓ /min, which seems to be caused 
that the clearance was smelly fabricated compared with 
theoretical analytic value. 
 

6. CONCLUSION 
 

In this study, following conclusions were drawn from 
the results of the reproducibility of each wave shape, 
the dynamic characteristics experiments, and measured 

leakage flow, varying the piston shape and rod bearing 
shape of sealless cylinder. 
1. High performance sealless cylinder was 
manufactured by analyzing theoretically the 
bearing load and leakage flow. 
2. Analysis on the conical type sealless cylinder was 
performed, 2D Reynolds equation on sealless cylinder 
moving reciprocally were derived, and then the 
solutions were obtained by finite difference method. It 
was confirmed that the results were applicable to the 
design. 
3. From the experimental results through 

manufacturing of sealless cylinder, it was confirmed 
that 4 pocket bearing has the smallest leakage flow. 
4. As the results of the  leakage flow measuring, 
leakage flow of piston  was evaluated to be 
approximately 2 ～ 6ℓ/min, which agrees with 
theoretical analysis results. Rod bearing shows the 
leakage flow of 2.5 ℓ/min, which seems to be caused 
that the clearance was smally fabricated compared with 
theoretical analytic value. 
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ABSTRACT 
   

:  The fluidic muscle cylinder consists of an air bellows tube, flanges and lock nuts. It's features are softness of material 
and motion, simplicity of structure, low production cost and high power efficiency. Recently, unlikely the pneumatic 
cylinder, the fluidic muscle cylinder without air leakage, stick slip, friction, and seal was developed as a new concept 
actuator. In this study, we carried out the finite element modeling and analysis about the main design variables such as 
contraction ration and force, diameter increment of fluidic muscle cylinder. On the basis of finite element analysis, the 
prototype of fluidic muscle cylinder was manufactured and tested. Finally, we compared the results between the test and 
the finite element analysis. 
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NOMENCLATURE 
 
 

E: Elasticity coefficient  
B: Thickness of air bellows 
D0: Diameter of air bellows 
L: Length of cylinder 
p1: Internal pressure of cylinder 

υ : Poisson's ratio

f : Contraction force 
θ : Cord angle  

 
 
 

 
1. INTRODUCTION 

 
Because the pneumatic cylinder generally uses sliding 
seal, it causes the high friction force and adherence 
phenomenon when it operates in low speed. Therefore, 
it has a disadvantage of difficult precise control during 
the driving of the cylinder. Many researches on the 
shape of piston and micro-cylinder have been 
performed to overcome that disadvantage (1)(2). But 
these cylinders have disadvantages such as difficulty in 
manufacturing and high price. 
Recently, unlikely the pneumatic cylinder, the fluidic 
muscle cylinder without air leakage, stick slip, friction, 
and seal was developed as a new concept actuator. It 
has the characteristics such as light weight, low price, 



high response, durable design, long life, high power, 
high contraction, which is innovative product fulfilling 
RT(Robot Technology) which is one of the 
nation-leading next generation strategy technologies 
6T as well as cleanness technology  
In this study, finite element modeling is performed to 
analyze the characteristics of fluidic muscle cylinder, 
and then the optimized design variables are determined 
by analyzing the contraction force, contraction ratio, 
and the change of diameter and pressure. The 
characteristics are confirmed by manufacturing the 
fluidic muscle cylinder and performing the 
experiments. 
 

 
 2. THEORETICAL BACKGROUND

 
Exact mathematical modeling is needed to understand 
the characteristics of fluidic muscle cylinder. Fig. 1 
shows a schematic analysis model of fluidic muscle 
cylinder . 
A portion of the Internal pressure applied to the fluidic 
muscle cylinder, p, is used to expansion of rubber itself, 
the remaining is transferred to the fiber cord. When the 
outer pressure of the tube applied to the fiber cord is 
expressed as p1, equation (1) can be derived from the 
deformation correlation of axial stress and 
circumferential stress of the rubber tube. 
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Where E, B and D0 represent the elastic coefficient of 

air bellows, thickness and internal diameter, 
respectively, and υ represents Poisson’s ratio. 
When the internal pressure applies to the fluidic 

muscle cylinder, the bellows expand in radial direction. 
The direction of expansion force is changed by fiber 
cord and then it becomes the contraction force( 1f ), 
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Figure1 Schematic diagram of fluidic muscle cylinder 

Where, L represents the length of air bellows, and θ 
represents the cord angle. Simultaneously, the internal 
pressure causes the extension force of axial direction 
( 2f ) to the end tip. 
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The balance of the force regarding actuator can be 
expressed as equation (4) by equation (3) 
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Equation (4) shows that the contraction force ( ) is 
proportional to the internal pressure, p

f

1 , the diameter, 
(D), and the length (L), but it inversely proportional to 
the cord angle. 
The preceding theoretical equation can give a tendency 
regarding the characteristics of fluidic muscle cylinder, 
but it cannot evaluate the quantitative characteristics of 
the real products. 
 
 

3. FINITE ELEMENT MODELING AND 

ANALYSIS 
 

3.1 The structure of fluidic muscle 
Fig. 2 shows the principal components of the fluidic 
muscle cylinder, which are composed of  air bellows, 
flange, locking nuts. If the air pressure applies, the 
diameter of air bag increases and its length decreases. 
The cord papers aligned with nylon fiber are used to 
reinforce the rubber filled in high pressure for the tube, 
which is composed of 2 layers of cord papers. 
The outer layer and inner layer are composed of rubber, 
in the medium each cord paper is aligned in the plus 
and minus angle on the basis of axis direction. 
Therefore, it plays a role to support most of load 
induced by air pressure. 
 
 

 

Figure2 Structure of fluidic muscle cylinder 



The rubber thickness of air bellows is 0.4 mm, the 
rubber thickness of cord paper is 0.5 mm, the rubber 
thickness between cord papers is 0.4 mm, and the 
rubber thickness of outer region is 0.4 mm. The 
diameter of nylon cord is 0.5 mm, the gap between 
cords is 24ea/inch, and the cords are aligned in the 
angle of ± 30° on the basis of axis direction. 
 
3.2 Modeling and deformation analysis 
The fluidic muscle cylinder is modeled by 3D 1/2 
symmetry model, and is analyzed with ABAQUS, the 
tool of finite element analysis. The air bellows 
is modeled by using S4R finite-strain shell elements, 
3D F3D3 and F3D4 hydrostatic fluid cavity elements 
are used to calculate the change of pressure and 
volume inside of air bag. 
The air inside air bellows is modeled by regarding it as 
ideal gas, the standard density of the air is 1.204 kg/m3, 

the temperature of air is 23℃, the atmospheric pressure 
is 101.36 kPa. 
The cord paper is composed of nylon fiber, which is 
modeled with skew rebar. Contact modeling between 
air bag and right & left locking nuts is expressed by 
defining contact pair between rigid element R3D4 and 
S4R shell elements. The boundary condition and 
restraint condition of the fluidic muscle restrain the 
degree of freedom in the center cutting point of both 
left and right locking nuts, and the center cutting point 
of right locking nut restrains corresponding degree of 
freedom according to analysis condition. 
Fig. 3 shows finite element modeling of fluidic muscle 
cylinder. Mooney constant of rubber was used with the 
value of C10 = 0.207N/mm2 and C01 = 0.234N/mm2, 
elastic coefficient of nylon cord modeled with rebar is 
E = 73,000N/mm2, and Poisson’s ratio is ν = 0.3.(3)

 
3.3 Analysis of performance change by cord angle 
change 
Because the static characteristics of fluidic muscle 
cylinder generally depends on  cord fixing angle, the 
effect of the change of cord fixing angle on the static 
characteristics of fluidic muscle cylinder was 
analytically predicted. 
Fig. 4 shows the change of contraction ratio and 
diameter by cord angle change in the fluidic muscle 
cylinder with diameter of φ 10, φ 20, φ 40 mm, and it 
is shown that as the cord angle decreases, contraction 
ratio and tube diameter increase.  
Fig. 5 shows the contraction ratio and contraction force 
by the variation of cord angle. As the cord angle 
decreases, acted force and contraction ratio increase. 
The optimized value should be determined, considering 
that as the cord angle becomes smaller, the contraction 
force due to air pressure and slope increase, on the 
contrary tube diameter increases. 
 

 
Figure3 FEA model of Fluidic muscle cylinder 

 

 
Figure4 Contraction ratio and diameter about         

the variation of cord angle 
 

 
(a) φ 10 mm 

 

 
(b) φ 20 mm 

 

 
(c) φ 40 mm 

 
Figure5 Contraction ratio and force about the variation  

of cord angle 
 



When the cord angle is 30°, proper maximum 
contraction ratio is maintained, so corresponding load 
is continuously acted. Accordingly, the cord angle of 
30° shows the optimized performance. 
 
3.4 Finite element analysis of manufacturing 

product 
The characteristics according to the variation of cord 
angle which is main variable of fluidic muscle cylinder 
with the diameter of φ 10, φ 20, φ 40mm was 
analyzed, and then the optimized dimension and cord 
angle were determined and the analysis was performed. 
Fig. 6 shows FEA results of diameter increment ratio 
due to the variation of air pressure. From the figure it is 
confirmed that up to air pressure of 3 bar the slope of 
diameter increment ratio is steep, beyond that the slope 
becomes dull. 
Fig. 7 shows FEA results of contraction ratio and 
contraction force due to the variation of air pressure 
from 1 to 6 bars. According the results, the contraction 
ratio and contraction force have an increasing tendency 
as the air pressure increases. 
When tube diameter is φ 10mm, the maximum 
contraction force was 327.7N, and maximum 
contraction ratio was 18.0% in case of 6bar air 
pressure. 
When tube diameter is φ 20mm, the maximum 
contraction force was 1113.7N, and maximum 
contraction ratio was 21.7% in case of 6bar air 
pressure. 
When tube diameter is φ 40mm, the maximum 
contraction force was 3930.0N, and maximum 
contraction ratio was 25.7% in case of 6bar air 
pressure. 
From the analysis, the results on the deformation shape 
and the ratio of tube were obtained for the fluidic 
muscle cylinder with a diameter of  φ 10, φ 20, φ 40 
mm by finite element model for air pressure of 6 bar as 
shown in Fig. 8. And then the fluidic muscle cylinder 
was manufactured by reflecting the optimized 
conditions in the design. The Mises maximum stress of 
rubber occurs in the central region of tube, which are 
1.05N/mm2, 1.19N/mm2, and 1.25N/mm2

 
 
4. MANUFACTURING OF THE PRODUCT AND 

EXPERIMENT 
 

4.1 Design and manufacturing of the product   
The fluidic muscle cylinder with optimized conditions 
was designed and manufactured on the basis of 
analysis results. Fig. 9 is the prototypes of assembled 
fluidic muscle cylinder with a diameter of φ 10, φ 20, 
φ 40 mm. 

 

 
 

Figure6 FEA results of diameter increment ratio about 
the variation of air pressure 
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(c) φ 40 mm 

 
Figure7 FEA results of contraction ratio and force 

about the variation of air pressure 



 

   
(a) φ 10 mm            (b) φ 20 mm 
 

 
(c) φ 40 mm 

 
Figure8 Deformation shape of air bellows for air 

pressure of 6 bars (Cord angle= 30 deg.) 
 

 

 
Figure9 Prototypes of fluidic muscle cylinder 

 
4.2 Composition of experimental apparatus and 
experiment 
The experimental apparatus for the performance 
evaluation was composed as Fig. 10. The compressed 
air is controlled by servo valve, load cell was attached 
to measure the force,  position and velocity sensor, 
LVDT, was also attached, the sensors to measure 
pressure and flow rate was attached.(4) 

Fig. 11 (a) and (b) show before and after pictures of 
pressure provision of manufacturing product. The 
contraction variation in the axial direction and 
expansion variation in the radial direction were 
measure and the contraction ratio was calculated by 
pressurizing the one side of cylinder and closing the 
other side. 
 
 

 
 

Figure10 Performance test apparatus 
 

 

 
(a) Air pressure, p = 0 bar 

 

 
(b) Air pressure, p = 6 bar  

Figure11 Tests of fluidic muscle cylinder 
 
4.3 Experimental results on contraction ratio and 
diameter incremental ration 
Fig. 12(a) and (b) shows contraction ratio of the 
cylinder in the axial direction and diameter increment 
ratio due to pressure variation. The contraction ratio 
increases as the diameter of bellows increases, 
especially when air pressure is more than 4 bars, the 
contraction ratio abruptly decreases. The diameter 
increment ratio increases as the diameter of air bellows 
increases, especially when air pressure is more than 3 
bars, the increment ratio abruptly decreases. 
 Comparing the experimental results of contraction 
ratio with analysis results, the error was evaluated to be 
0.2% in case of φ 10 mm, 3.5% in case of φ 20 mm 
and 2.2% in case of φ 40 mm at the pressure of 6 bars. 
For the radial expansion ratio, the error was 4.7 % in 
case of φ 10 mm, 4.3% in case of φ 20 mm and 12.7% 
in case of φ 40 mm. 
Therefore, it is believed that the results of finite 
element analysis are reliable. 
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Fig. 12 Test results of contraction and diameter 

increment ratio 
 

5. CONCLUSIONS 
 
In this study, principal design variables were 
determined by performing the finite element analysis 
for the characteristics of fluidic muscle cylinder. As the 
results of manufacturing of the test product and the 
characteristics experiments, following conclusions 
were drawn. 
1. Principal design variables were determined through 
the finite element analysis by predicting the contraction 
ratio, contraction force and diameter variation ratio as a 
function of cord angle. 
2. On the basis of analysis results, the fluidic muscle 
cylinder with the diameter of φ 10, φ 20, φ 40 mm 
was manufactured and then the experiments for 
contraction ratio and diameter variation ratio as a 
function of air pressure were performed. 
3. On the basis of comparative results for the 
experimental values of the test product with the 
diameter of φ 10, φ 20, φ 40 mm and analytical 
values, the errors of the contraction ratio and diameter 
variation ratio were less than 5 % and 12.7 %, 
respectively. But, it is believed that the results between 
experimental values and analytical values agreed well, 
considering non-linearity of rubber and anisotropic 
alignment of the cords. 
 
 

4. It is confirmed that the deformation and 
characteristics of fluidic muscle cylinder can be 
predicted relatively well. On the basis of that it is 
believed that it can highly contribute to develop the 
new products. 
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ABSTRACT 
 

In the case that the high compliance and high safety are required, the use of pneumatic muscle for robot joints is a good 
choice. In this paper, a bio-mimic structure of pneumatic muscle robot arm is introduced and the differential pressure 
principle is applied to control the arm. In order to solve the practical problems that difficult regulation with pneumatic 
muscle and the lower accuracy of position control, a proportional stiffness regulation method with easy implementing 
feature is presented through theoretical analysis and experiments. On this basis, the position control of the joint with 
pneumatic muscle is implemented, for which the adaptive and self-learning neural-PSD controller is adopted.  Tests 
indicate that the joint stiffness is easy to regulate by the method and joint operation shows a quick response and high 
accuracy.  

 
 
 

KEY  WORDS 
 

Pneumatic muscle, Robot arm, Stiffness regulation, Adaptive neural-PSD controller 
 
 
 

NOMENCLATURE 
 

F : Contraction force                                  [N] 
P : Input pressure                                 [MPa] 
D : Muscle diameter                                    [m] 
L : Muscle length                                        [m] 
ε : Muscle contraction ratio                     [%] 
α  : Muscle braided angle                       [rad] 
θ : Joint angle                                        [rad] 
T : Joint toque                                        [Nm] 
R : Radius of sprocket wheel                     [m] 
C :         Joint stiffness                             [Nm/rad] 
u : Output of the controller                  [MPa] 

x : State variable                                    [rad] 
e : Track error                                        [rad] 

 
INTRODUCTION 

 
Most robotic rotary joints are driven by electric 
servo-motors, step-by-step motors or sometimes by 
hydraulic motors. The joint structures driven by these 
actuators are usually complicated, heavy and lack of 
compliance. However, the human arm is light and flexible 
with the human musculature.  So it is expected to find a 
kind of actuator with which the maximum similarity in 
function and shape of human arm would be acquired 



 

based on the artificial pneumatic muscle.  
There are two main problems for a robot arm driven by 
pneumatic muscle, that is, difficult regulation on joint 
stiffness and low accuracy in position control.  Thus it is 
very important to investigate technique approaches for 
effective stiffness regulation and high precise position 
control with artificial pneumatic muscle.  
In this paper, the research is focus on these problems.  
After describing the mechanical structure and working 
principle of the robot arm driven by pneumatic muscles, a 
proportional stiffness regulation method with easy 
implementing feature is presented through theoretical 
analysis and experiments. On this basis, the position 
control method for the joint is studied, which use the 
adaptive and self-learning neural-PSD control mode. 

BIO-MIMETIC STRUCTURE AND WORKING 
PRINCIPLE OF THE ROBOT ARM 

In most joints driven by electric motors or hydraulic 
motors, for regulating the speed difference between the 
driving motors and the actuating parts speed reducers 
must be used[1].  In this case the joints are lack of 
compliance due to their great stiffness.  However, if 
pneumatic muscles are used to drive the joints the speed 
reducers can be removed owing to their suitable action 
speed.    
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sprocket
wheel

link

 

Figure 1 Mechanical structure of the robot arm 
 

Figure 1 shows the mechanical structure of the robot arm 
developed by authors.  From Figure 1 it can be seen that 
the pneumatic muscles are fixed on the arm skeleton, 
which transmits torque by a chain and a sprocket wheel 
when contracting with pressurized air.  For regulating the 
initial length of the pneumatic muscles, a tension bolt is 
mounted on an end of the muscle skeleton.  A 
potentiometer is used for measuring the rotary angle of 
the joint.  The robot arm is about 300mm in length, 45mm 
in width, and 1.8kg in weight.  
Figure 2 shows the working principle of the joint driven 
by two pieces of pneumatic muscles.  At the initial state, 
both muscles are charged with air under initial pressure P0, 

and the rotary angle θ  of the joint is zero.  If the pressure 
are increased by ΔP in a pneumatic muscle and the 
pressure is decreased by ΔP in another pneumatic muscle, 
the joint would rotate around the direction with a 
contracting muscle owing to pressure increasing until the 
new force balance is reached. 
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Figure 2 Working principle of the joint driven by 

pneumatic muscles 
 

METHOD OF PROPORTIONAL STIFFNESS 
REGULATION 

 
Requirement of Stiffness Regulation on Pneumatic 
Arms 

 
The merit of use of a pneumatic muscle to drive a joint is 
with high compliance.  However this leads to the 
decreasing of the stiffness.  In some case for some tasks, 
the high stiffness is needed when overcoming greater 
loads, while the low compliance is permissible.  Thus the 
stiffness regulation according to different tasks in robot 
working process is required.  For this the 
force/length/pressure relation model of the pneumatic 
muscle should be built up.  

 
The Force/Length/Pressure Relation Model 

 
The pneumatic muscle used in our research is Mckibben 
muscle with 250mm in length, 20mm in width, 45g in 
weight, maximum pulling force with 0.5MPa is 250N. 
The force/length/pressure relation model is originally 
proposed in literature[2] as follows. 
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For the muscle in our research, the initial parameters in Eq. 
(1) can be given as: D0=13.4mm, L0=197mm, α 0=21°, 
k=1.14.  Figure 3 shows the comparison between 
experiment results and the theoretical results from Eq. (1).  
It can be seen that both results are well coincident[3]. 

 

 
Figure 3 Comparison between experiment results and the 

theoretical results 
 

Proportional Regulation of Joint Stiffness 
 

Using the force/length/pressure relation model, the joint 
torque Eq.(2) can be derived according to its working 
process 

 
θ021 PKPKT −Δ=                                                     (2) 

 
Where K1 and K2 are constants, dependent on pneumatic 
muscle’s initial parameters（L0，D0，α 0，k）and structural  

parameters (ε 0，R) of the robot arm.   In Eq. (2), when 
T=0 at balanced position the term of θ02PK  will equal the 
term K1ΔP.  This derives following expression on θ and 

PΔ  
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Where G is a static gain of θ with ΔP. 
The angular stiffness is the derivative of the torque 
function and can be expressed as 

 

02 PK
d
dTC ==
θ

                                                       (4) 

 
Because K2 is a constant, the joint stiffness C is directly 
proportional to the initial pressure P0 in the pneumatic 

muscle.  With the increasing of the initial pressure P0, the 
joint stiffness is increased.  This feature can be used to 
actively regulate the joint stiffness when necessary. 

 
Experiments for Regulation on Joint Stiffness 

 
To validate the method to regulation on joint stiffness C, 
experiments are carried out, in which the output torque T 
and the joint angle θ must be measured to obtain the 
stiffness C from Eq. (4).   Because of the limitation of the 
mechanical structure, it is very difficult to directly 
measure the output torque, so an indirect method is planed.  
As seen in Eq. (5), the static stiffness C is expressed as a 
function of K1 and G and is also a function of  θ and  ΔP.  
If θ and ΔP can be measured, the static stiffness C can be 
calculated by Eq. (5).    
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We can define the joint compliance coefficient F as 
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dF 11

02
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From Eq. (6), we can see that the F is inversely 
proportional to C.  The increasing of F means decreasing 
C.   
Figure 4(a)～(c) shows the variation of measured θ  with 

ΔP  with P0=0.1MPa、0.25MPa、0.4MPa.  From Figure 4, 
the G can be obtained by the slopes of the curves.  Figure 
5 shows the comparison between the model value and the 
measured value of the static gain G.  

 

 
(a) P0=0.1MPa 



 

 
(b) P0=0.25MPa 

 
(c) P0=0.4MPa 

Figure 4  Variation of measured θ  with ΔP  
 

From Figure 5, it can be seen that the actual static gain G 
is very close to the theoretical value.  

 

 
Figure 5 Comparison of the static gain G 

 
Figure 6 shows the comparison between the model value 
and the measured value of the joint stiffness C. From 
Figure 6, it can be seen that the joint stiffness C is very 
close to the theoretical value.  Therefore it can be deduced 

that the theoretical C calculated by Eq. (5) can be used in 
real time controlling algorithm substituting the measured 
value.   
For usual robot joint the stiffness or compliance is a fixed 
value when the structure is made, while for that driven by 
pneumatic muscles the stiffness or compliance can be 
regulated by regulating input pressure at any time.  This 
provides the possibility of regulating the joint stiffness 
according to different loads or tasks in the joint 
controlling algorithm.  On this basis, further controlling 
algorithm can be researched with different joint stiffness. 
 

 
Figure 6 Comparison of the joint stiffness C 

ADAPTIVE SINGLE NEURAL PSD POSITION 
CONTROL SYSTEM DESIGN WITH DIFFERENT 

JOINT STIFFNESS 

Joint angle θ  can be controlled in open-loop according to 
Eq. (3).  However, because of its large hysteresis as shown 
in Figure 4, to obtain high accuracy θ  could not be 
controlled merely by open-loop mode.  So a suitable 
closed-loop control method should be studied and  
adopted. 

 
Controller Design 
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Figure 7 Diagram of adaptive single neural PSD control 

 
Due to the air compressibility, the non-linearity and 
hysteresis in operation of pneumatic muscles, it is difficult 
to establish an accurate linear discrete model through 
experimental data.  Therefore, to avoid the obstacle of the 
impossible accurate model, an adaptive and self-learning 
neural PSD controller without model is developed.  



 

Diagram of this adaptive single neural PSD controller is 
shown in Figure 7[4][5]. 
The PSD controller is expressed as 
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Where u(k) is the output value of the controller, 
corresponding to the input pressure variation in 
pneumatic muscle; K is the proportional coefficient of 
neural (K>0); ( )kx i

'  (i=1,2,3) is state variable; 
( )kw i

' (i=1,2,3) is weight corresponding to ( )kx i
' , ( )kx i

'  
can be expressed as 
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Where ( )krθ  and ( )kyθ are the set point and the actual 

value of joint angle. ( )kw i
'  can be expressed as   
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Learning arithmetic of ( )kwi  is 
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Where Iη , Pη and Dη  are learning rates of Integral, 
Proportional and Derivative terms of the controller.  
The system performance is sensitive to Proportional 
coefficient K in controller.  As K increases, the system 
response will become significantly faster, but the system 
could become unstable when K is sufficiently large.  K can 
be regulated by the following learning arithmetic 
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( )kTV

 is given as follows 
 

( ) ( ) ( ) ( ) ( )( )kekTkesignLkTkT vvv
211 Δ−−Δ+−= ∗     (12) 

 
Where 05.0025.0 ≤≤ C , 1.005.0 ≤≤ L . With the 
increasing of L, initial value of ( )kTV

 and ( )kK , regulation 
ratio of ( )kK  is increased.  

 
Experimental Results of PSD Control 

 
To demonstrate the effectiveness of the controller, an 
experiment is carried out.  The input pressures in 
pneumatic muscles are provided using pressure 
proportional valves with a time delay of 30ms being able 
to meet the requirement of the controller.  By adjusting the 
input voltage of the pressure proportional valve, the force 
and contraction of pneumatic muscles can be controlled. 
The control algorithm and software are implemented 
using LabVIEW on a Pentium Ⅳ computer.  The chosen 
sampling time interval is 30ms. Due to limitation of the 
range of normal working pressure the output value of the 
controller should be restricted as follow 

 
MPaPP 5.00 0 <Δ±<                                           (13) 
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Figure 8 Response for a sine wave with open-loop 

(cycle=7.5s) 
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Figure 9 Response for a sine wave with PID (cycle=7.5s) 
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(a) P0=0.25MPa 
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(b)  P0=0.15MPa 
Figure 10 Response for a sine wave with adaptive single 

neural PSD (cycle=3s) 
 

Figure 8 shows the steady state response for a sine wave 
with an open-loop control mode.  From Figure8, it can be 
seen that there are two defaults in output with open loop, 
one is the bigger track error between the target values and 
the track values and another is the longer response time. 
Figure 9 shows the steady state response for a sine wave 
with a simple PID control mode.  From  Figure 9, it can be 
seen that the track error is decreased with the simple PID 
control mode. 
 

 
Figure 11 Practical operation of the arm 

 
Figure 10(a) shows the steady state response for a sine 

wave with adaptive single neural PSD (P0=0.25MPa).  
Figure 10(a) shows the steady state response under the 
same conditions in Figure 10(b) but with different initial 
input pressure (P0=0.15MPa).  From Figure10(a) and (b) 
it can be seen that the track error and response time are all 
decreased with adaptive single neural PSD control mode. 
Figure 11 shows a practical operation of the robot arm in 
grasping a paper cup.  This is need necessary compliance 
and sufficient stiffness when the cup is full of water.  With 
the help of the stiffness regulation method and the 
adaptive PSD control mode, the arm could complete the 
operation task without any problems. 

CONCLUSION 

In the case that the high compliance and high safety are 
required, the use of pneumatic muscle for robot joints is a 
good choice.   
There are two main problems for a robot arm driven by 
pneumatic muscle, that is, difficult regulation on joint 
stiffness and low accuracy in position control.  In this 
paper, the research has focused on these problems.  First 
the mechanical structure and working principle of the 
robot arm driven by pneumatic muscles are introduced.  
Then a proportional stiffness regulation method with easy 
implementing feature is presented, which is derived from 
theoretical analysis and has been validated by 
experiments. On this basis, the position control method 
for the joint is studied, which use the adaptive and 
self-learning neural-PSD control mode.  Experiments 
have shown that the adaptive PSD control mode is 
suitable for the joints driven by pneumatic muscles and 
has a good performance with smaller track error and 
shorter response time.   
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ABSTRACT 
 
The air with certain pressure in a pneumatic cylinder is usually exhausted into the atmosphere after work process. It is of 
significant that the air energy can be saved and re-used. In this paper, the constitution of an exhausted-air reclaiming 
system for pneumatic cylinders is studied.  To find the possible influence on the cylinder work process, the effect of the 
system on the cylinder velocity characteristics is also researched and different control switch points are tested.  
Experimental results show that attaching a reclaiming device would not cause bad influence on the velocity stability if the 
switch point could be properly controlled. Experiments also indicate that the switch control differential pressure ΔPsw 
varies with Pc in the receiver and the supply pressure Ps would affect the velocity stability of cylinders.  Therefore to 
reclaim more energy and make less influence on the cylinder velocity characteristics, the suitable differential pressure 
ΔPsw and switching-point are also tested and suggested.    
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NOMENCLATURE 
 

Ps : Supply pressure                                      [MPa] 
p : Pressure                                                  [MPa] 
d : Piston rod diameter                                     [m] 
D : Piston diameter                                            [m] 
A : Piston area                                                 [m2] 
Ae : Effective area of restriction                       [m2] 
V : Chamber volume                                       [m3] 
M : Load Mass                                                  [Kg] 
F : Force load                                                    [N] 
T : Temperature                                                 [K] 
Qm : Mass flow rate                                        [Kg/s] 
Pc0 : Initial pressure in receiver                      [MPa] 
ΔP : Differential pressure                               [MPa] 
ΔPcr  :        Critical switch differential pressure        [MPa] 
ΔPsw : Switch control differential pressure         [MPa] 
v : Piston velocity                                          [m/s] 
x : Piston displacement                                    [m] 

ρ  : Air density                                             [kg/m3] 
Subscripts 
1 : Supply side 
2 : Exhaust side 
c : Receiver 

 
INTRODUCTION 

 
In working cycles of pneumatic cylinders, the air with 
certain pressure in the discharging chamber is usually 
exhausted into the atmosphere directly.  If a part of the 
exhausted-air could be reclaimed, great energy would be 
saved for an industrial pneumatic system.  For this, a 
simple and direct method is to develop a system in which 
the discharging chamber of a cylinder should be 
connected with an air receiver and the exhaust air is 
reclaimed into the receiver for reuse.  However, there 
might be some potential problems for this system.  On 
the one side, when the pressure in the receiver is 



increased near the pressure in the discharging chamber, 
the remaining air in the discharging chamber could not be 
reclaimed to the receiver and it should be discharged into 
the atmosphere.  Moreover, the pressure in the receiver 
would vary with the increasing or decreasing of the air 
mass in it.  Therefore it is necessary to control the 
connecting of the discharging chamber with the receiver 
and the air discharging from the cylinder (for short, 
expressed as exhaust switch).  On the other side, the 
cylinder velocity characteristics might be changed when 
the cylinder circuit attached with an additional 
air-reclaiming device.  Therefore, in order to reclaim 
more energy and make less influence on the cylinder 
velocity characteristics, the suitable control criterion and 
the switching-point for controlling the reclaiming 
process should be carefully studied and determined.  
Moreover, the reclaiming system should be simple in 
structure and low in cost. 
In following contents, the constitution of the reclaiming 
system is introduced and the mathematical model of the 
system has been studied.  Through theoretical analysis 
and experimental research, the varying law of the 
cylinder velocity characteristics when with reclaiming 
device is discussed and the criterion of control 
differential pressure at the switch points is determined.  
Then some suggestions for constitution and control of the 
exhausted-air reclaiming system are given.    

 
THEORETICAL ANALYSIS 

 
Mathematical Model of Exhausted-air Reclaiming 
System 
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Figure 1 Constitution of the exhausted-air reclaiming 
system 
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Figure 2 Working scheme of the exhausted-air 
reclaiming system 

The exhausted-air reclaiming system is shown in Figure 
1.  To simplify calculation, some assumptions for the 
cylinder exhaust process should be made as follows [1]: 
(a) The thermodynamic process is adiabatic. (b) The 
supply pressure is constant and the temperature of supply 
air is equal to surrounding temperature. (c) The 
thermodynamic process of air in cylinder chambers is 
quasistatic process. (d) The internal and external leakage 
of the system is ignored.   
The pneumatic working principle of the reclaiming 
system is shown in Figure 2.  Applying the 
thermodynamics law to the charging and discharging 
chambers and the receiver, the mathematical model of 
the exhaust-air reclaiming system can be built up as 
follows [2][3]:  
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Where P1 and P2 are the absolute pressure in the charging 
and discharging chambers respectively, Pc is the absolute 
pressure in the receiver, A1 and A2 are the piston effective 
area respectively, R is the ideal gas constant, Mw is the 
mass load, F is the force load and Qm is the simplified 
mass flow rate and is given in literature[4].  
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Where Ae is the effective flow area, Pu and Pd are the 
upstream and downstream pressure respectively, Tu is the 
upstream temperature and σ  is the pressure ratio.   
 
Theoretical Analysis of the Critical Switch 
Differential Pressure ΔPcr in Exhausted-air 
Reclaiming 
 
As shown in Figure 1, after several working cycles in 
piston’s to-and-pro movements, the pressure in the 
receiver would be increased and the differential pressure 

PΔ  between the discharging chamber and the receiver 
would be also reduced. Thus the piston velocity will be 
decreased gradually.  Generally the working velocity 
range of a standard cylinder is 50 to 500mm/s.  If the 
piston velocity is smaller than 50mm/s, the piston might 



stop or cause a “stick-slip” phenomenon due to the 
influence of the friction force and the compressibility of 
air.   
Therefore to avoid the stick-slip motion, the discharging 
chamber of a cylinder should be opened to the 
atmosphere at right time before stick-slip motion after a 
period of exhausted-air reclaiming process.  The time 
point when the discharging chamber is switched from 
exhausted-air reclaiming process to directly discharging 
into the atmosphere is called exhaust switch point. The 
differential pressure between the discharging chamber 
and the receiver at the exhaust switch point is called 
critical switch differential pressure, expressed as ΔPcr.   If 
the differential pressure between 2P  in the discharging 
chamber and the cP  in receiver reaches the critical 
switch differential pressure ΔPcr in reclaiming process, 
the directional valve should be switched to the process of 
the directly discharging into the atmosphere.  At this 
moment, the pressure 1P  in the charging chamber is close 
to the supply pressure Ps (that is, sPP ≈1 ) and the piston 
motion is probably at stable state.  From Eq. (4), it can be 
seen that to sufficiently overcome the possible force load 
F  the maximum permissible pressure in the discharging 
chamber should be  
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Assume that the thermodynamic process in chambers is 
isothermal process.  The flow function ( )σψ  adopts the 
subsonic phase in Eq. (6) when the differential pressure 

PΔ  reaches the critical switch differential pressure crPΔ  
in the exhausted-air reclaiming process.    Thus the mass 
flow through the effective flow area of the discharging 
pipes can be expressed as   
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Substituting Eq. (9) into Eq. (8), we get  
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Because the mass flow through the discharging chamber 
can also be expressed as 
 

 vA
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Where, ρ  is the air density in discharging chamber, x  is 
the displacement of the piston and v  is the piston 
velocity.   
The ideal gas law can be written as  
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Substituting Eq. (12) into Eq. (11), the mass flow 
equation can be expressed as    
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From the continuity equation, we know that the mass 
flow out of the discharging chamber should be equal to 
the mass flow through the effective flow area of the 
exhausted-air side, which can be expressed as   
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Substituting Eq. (10) and Eq. (13) into Eq. (14), we get 
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From Eq. (15), we obtain 
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Substituting the piston velocity smmv /50=  and the 
discharging chamber’s pressure max22 PP ≈  into Eq. (16), 
the solution can be written as 
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(17), the critical switch differential pressure crPΔ  can be 
expressed as 
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Where, max2P  is the maximum permissible pressure in 
discharging chamber being sufficient to overcome the 
force load, which is defined by Eq. (7).   
The critical switch differential pressure ΔPcr, as 
expressed in Eq. (18), is considered as the theoretical 
value of the minimum critical switch differential pressure. 
The practical switch differential pressure should be 
determined considering other real factors.  
 

EXPERIMENTS ON EXHAUSTED AIR 
RECLAIMING SYSTEM 

 
Experimental Equipment and Method 
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Figure 3 Experimental apparatus 
 

 

 

Figure 4 Photo of experimental device 
 
The experimental apparatus is shown in Figure 3, which 
is used for validating the theoretical analysis and finding 
the real cylinder velocity characteristics when with the 
air reclaiming device. Figure 4 is a photo of the 
experimental device.  Considering the similar process 
and working law with the extend stroke and the retract 
stroke of the cylinder, only the experiments for the retract 
stroke of the cylinder are reported and discussed.  
When the piston is at the position shown in Figure 3, the 
solenoid valve has been switched to the right side.  Along 

with the piston’s return, the air in discharging chamber is 
being exhausted to the receiver.  When the piston reaches 
the position of magnetic switch “a”, the solenoid valve 
switches to the left side, the air in the piston rod chamber 
is exhausted into the atmosphere after the manually valve 
switches to the other side.   
The diameter of the cylinder piston is 50mm and the 
stroke of the cylinder is 200mm, the volume of the 
receiver is 5 liter.  In following sections to simplify the 
measuring in experiments, relative pressure is used if not 
demonstrative.    
 
Influence on Cylinder’s Dynamic Characteristics 
with Exhausted-air Reclaiming Device 
 

 
Figure 5 Variation of discharging chamber’s pressure 

with different initial pressure in receiver 
 

Figure 5 shows the variation of pressure in discharging 
chamber when the initial pressure Pc0 in the receiver is 
0.05MPa, 0.19MPa and 0.28MPa respectively in the 
process of exhausted-air reclaiming.  From Figure 5, it 
can be seen that the initial pressure Pc0 would affect the 
pressure curve of P2 in discharging chamber.  
 

 
 

Figure 6 Variation of piston velocity with different initial 
pressure in receiver 

 
Figure 6 shows the variation of piston velocity when the 
initial pressure in the receiver is 0.05MPa, 0.19MPa and 
0.28MPa respectively in the process of exhausted-air 
reclaiming.  From Figure 6, it can be seen that the higher 



the initial pressure Pc0 is, the lower the piston velocity 
and the longer the piston motion time interval.  As shown 
in Figure 6, the higher the initial pressure Pc0, the smaller 
the velocity difference between the maximum and 
minimum piston velocity.  Furthermore, it could be 
deduced that attaching a reclaiming device would not 
cause bad influence on the velocity stability but would 
increase the piston motion time under the same load 
condition if the switch point could be properly 
controlled.    
 

 
Figure 7 Variation of the pressure in cylinder chambers 

when Pc approaches P2 

 
Figure 8 Variation of the piston velocity when Pc 

approaches P2 
 

The variation of the pressure in cylinder chambers and 
the piston velocity when the initial pressure Pc0 in 
receiver approaches the stable pressure in discharging 
chamber are shown in Figure7 and Figure 8 respectively.  
Figure 7 shows the pressure condition under which a 
variation in motion and velocity of the piston occurs. 
Further analyzing the velocity curve in Figure 8 can be 
seen that during reclaiming when Pc approaches P2 the 
stick-slip motion might take place if the cylinder 
discharging chamber is keeping connection with the 
receiver.  So the exhaust from discharging directly into 
the atmosphere and switch off the connection between 
the discharging chamber and the receiver should be 
started before Pc equals P2.   
What is the more proper switch time point or the proper 
switch differential control pressure from reclaiming state 

to the state of directly discharging into the atmosphere 
should be given by experiments.   
 
Effect of Switch Control Differential Pressure ΔPsw 
under Different Supply Pressure 
 

 
a) ΔPsw =0.05MPa  

 
b) ΔPsw =0.03MPa 

 
Figure 9 Piston velocity with different switch control 

differential pressure ΔPsw (Ps=0.5MPa) 
 
The piston velocity curves with different switch control 
differential pressure ΔPsw are shown in Figure 9.  When 
ΔPsw =0.05MPa, the piston velocity is comparatively 
smooth and steady.  However, when ΔPsw =0.03MPa, the 
piston velocity fluctuates during the later stage and the 
stick-slip occurs.  In this case the pressure P2 has 
approached the permissible maximum pressure P2max for 
overcoming a certain load and the motion time is 
obviously prolonged.   
 

 
a) ΔPsw =0.03MPa  



 
b) ΔPsw =0.02MPa  

Figure 10 Piston velocity with different switch control 
differential pressure ΔPsw (Ps=0.3MPa) 

 
The piston velocity curves with different switch control 
differential pressure ΔPsw are shown in Figure 10.  The 
piston velocity when ΔPsw =0.03MPa is more smooth 
and steady that when ΔPsw =0.02MPa and the motion 
time when ΔPsw =0.02MPa is longer than that when ΔPsw 
=0.03MPa.   
The above experiments reveal that the ΔPsw varies with 
supply pressure Ps and the pressure Pc in receiver, and the 
smaller the ΔPsw is, the greater the possibility of 
stick-slip motion of the piston and the motion time are. 
Although use of the smaller ΔPsw to control the switch 
point would increase the reclaimed energy, the 
fluctuation might happen.  So selection of the real switch 
control differential pressure ΔPsw should be considered in 
all its aspects.  
 
Variation of Switch Control Differential Pressure 
ΔPsw with the Supply Pressure Ps  
 

 
Figure 11 Variation of ΔPsw and ΔPcr with the supply 

pressure Ps  
 

Variation of ΔPsw and ΔPcr with the supply pressure Ps is 
shown in Figure 11.  From Figure 11, it can be seen that 
the trends of both curves of the theoretical calculation 
and the experiment are coincident and the ΔPsw as while 
as the ΔPcr are increasing with the increase of supply 
pressure Ps.  Considering the results shown in Figure 7 to 

Figure9, we know that ΔPsw also varies with Pc in 
receiver. The range of the ΔPsw is normally within 
0.02-0.05MPa.    This means that with different pressure 
Pc and Ps the switch control differential pressure ΔPsw 
has to be changed. This will obviously increase the 
complication of the control system.  So for simplicity and 
lower cost, we intend to select a determined value for the 
ΔPsw. For reclaiming more energy, we expect to select a 
smaller set value of ΔPsw. But it would not satisfy the 
velocity requirement with a higher supply pressure Ps or 
higher pressure Pc in receiver.  If we select a higher set 
value of ΔPsw, the velocity requirement could be well 
satisfied within a wide range from lower values to higher 
values of Ps and Pc.  So for practicality we suggest that 
the value of ΔPsw is determined as a set value and it can 
be set about 0.05MPa under the given condition in our 
experimental reclaiming system.  

 
CONCLUSIONS 

 
In this paper, the constitution of an exhausted-air 
reclaiming system for pneumatic cylinders is studied.  
The effect of the system on the cylinder velocity 
characteristics and the control method are also 
researched through experiments.  Experimental results 
show that attachment of a reclaiming device would not 
cause bad influence on the velocity stability but would 
increase the piston motion time under the same load 
condition if the switch point could be properly controlled, 
and experiments also indicate that the switch control 
differential pressure ΔPsw varies with Pc in receiver and 
the supply pressure Ps of the cylinder.  So the selection of 
ΔPsw should consider some factors, such as the efficiency 
of reclaiming energy, simplicity and cost of reclaiming 
control method and the velocity stability of cylinder, etc.  
Therefore, we suggest that the value of ΔPsw is 
determined as a set value and it can be set about 0.05MPa 
under the given condition in our experimental reclaiming 
system.   
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ABSTRACT 
 

Soft robot inspired from natural systems is one of keywords in the robotic field in last decade. Accordingly, many types 
of artificial muscle actuators are developed. On the other hand, using an electro-conjugate fluid (ECF), which generates 
a powerful jet flow when subjected to a high voltage, we can construct a tiny pressure source. This paper proposes a 
novel micro artificial muscle actuator (< 1 cm3) utilizing the fluid. The essence of this study is to develop the micro 
artificial muscle integrated with micro pressure source, which enables us to construct an autonomous system and/or 
artificial muscle array. The contraction characteristics and normal force characteristics of the actuator were measured. 
The maximum contraction rate was around 16 % and the force generated was about 0.2 N with applied voltage of 6 kV. 
The experimental results confirmed the effectiveness of the proposed actuator. 
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INTRODUCTION 
 

As robots are becoming widely used in many fields, a 
soft robot inspired from natural systems becomes one of 
the main research topics in the field of robotics and 
mechatronics, especially in the application requiring 
closer and safer interactions between humans and 
machines. The authors think the muscle of natural 
systems which potentially has flexibility is worthy of 
note, and that to create a new type of artificial muscle 
actuator might be a great research topic. As artificial 
muscle actuators, for example, several types of actuators 
have been developed. The artificial muscle actuator 

which has the longest history is a pneumatic actuator 
such as Mckibben type actuator. The constructions, 
numerical models, and applications of pneumatic 
actuators were widely studied [1][2]. It generates an 
extend-contract motion, however, there needs a bulky 
pressure source outside the actuator. Shape memory 
alloys are another example of artificial muscle [3][4]. 
They have great features as high power density, 
however, they suffer from slow response and heat 
problems. Polymer materials [5][6] might be a recent 
research trend on artificial muscle actuator, however, 
they are still not suitable for robotic application because 
they must be used in particular environments. A most 



promising research of artificial muscle actuator in 
robotic field is electrically actuated dielectric elastomer 
films [7]. Although there reported several types of 
actuators as mentioned above, artificial muscle actuators 
are still being developed. 
On the other hand, there is an interesting smart fluid or 
an electro-conjugate fluid (ECF) [8]. The fluid generates 
a powerful jet flow when subjected to a high voltage (~ 
kV). This kind of phenomenon is known as an EHD 
(electrohydrodynamics) effect [9]. In our previous 
studies, the authors clarified the necessary condition for 
showing the effect, and the fluids meeting the condition 
are called ECFs. Although the mechanism of the effect 
has not been clarified yet, the ECFs are attractive for 
constructing new actuators. Hence, the authors applied 
the ECF effect on micro motors [10-12] and micro 
manipulators [13]. According to our previous studies on 
the ECF, the jet flow becomes more powerful with 
smaller electrode pair, which means, the ECF effect is 
suitable for micro actuation. Therefore, this paper 
proposes a new type of micro artificial muscle actuator 
using the ECF and clarifies its characteristics. 

 
DRIVING PLINCIPLE 

 
Our previous studies proved the ECF effect is suitable 
for micro actuation [10-13], which means, it is easy to 
construct a micro pressure source using the ECF. 
Therefore, a new type of micro artificial muscle actuator 
can be realized as shown in Fig. 1. As the inner pressure 
of a fiber-reinforced flexible tube increases by a jet flow, 
which is generated at the pressure source using ECF, the 
tube contracts along the actuator axis because the fiber 
cannot extend.  
One of the main accomplishments of this research is the 
incorporation of the pump (pressure source) in the 
actuator. This results in a very compact actuation system 
and therefore, we can place the actuator in an array just 
like natural muscles. This kind of design solution cannot 
be realized by pneumatic artificial muscle actuators 
previously developed because they need bulky pressure 
sources outside the actuator. 

 

DESIGN AND MANUFACTURING 
 

Here we briefly introduce a prototype of novel micro 
artificial muscle actuator. Fig. 2 shows a schematic 
illustration and actual view of the prototype. The 
prototype is composed of a fiber-reinforced silicone 
rubber tube, a micro pressure source using 
electro-conjugate fluid, a flexible ECF tank, and an 
external tank. This prototype is designed to confirm the 
driving principle of the micro artificial muscle actuator, 
so that each component is individually designed and 
produced. The fiber-reinforced silicone rubber tube is 
made of silicone rubber and aramid fibers with 
thickness of 35 µm and 12 fibers. The design parameters, 
tube thickness and number of fibers, are experimentally 
determined [14]. The outer dimension of the tube, φ5 X 
10 mm, is determined so as the tube volume to be less 
than 1 cm3. The maximum contraction rate and force 
along tube axis measured at inner pressure of 10 kPa 
were 16 % and 0.18 N, respectively.  
The micro pressure source using the electro-conjugate 
fluid includes a tiny electrode pair, consisting of a 
needle and ring electrodes as shown in Fig. 3 (the 
needle is connected to the GND, and the ring is to the 
positive). The diameter of the needle is 0.13 mm, and 
the inner diameter of the ring is 0.3 mm. An electrode 
spacer located between the electrodes keeps the 

Fiber-reinforced silicone tube

Micro pressure source

Flexible ECF tankExternal
tank

(a) Schematic illustration

Micro pressure source

Fiber-reinforced
silicone tube

(b) Actual view

Figure 2 Prototype of micro artificial muscle actuator
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Figure 3 Micro pressure source (Jet generator)

electrode gap to be 0.2 mm. The micro pressure source 
generates up to around 10 kPa with applied voltage of 6 
kV when dibutyl decanedioate , one of the 
electro-conjugate fluids, is used as a working fluid [14]. 
The flexible ECF tank and the external tank are filled 
with the ECF. A bulky external ECF tank was connected 
to the micro pressure source so that we could easily 
regulate the pre-pressure of the tube. In case of practical 
use, the external ECF tank should be removed (the 
actuator only needs the flexible ECF tank for drive). 

 
EXPERIMENTS 

 
Contraction Characteristics 
The contraction characteristics of the prototype were 
measured. Fig. 4 shows the experimental result of static 
contraction with input voltages up to 6 kV. The 
contraction rate showed a quadratic curve against the 
input voltage. The maximum contraction rate was 0.16 
at the input voltage of 6 kV. From the maximum 
contraction rate, the inner pressure of the actuator is 
expected to be around 8 kPa. 
Fig. 5 shows the experimental results of dynamic 
contraction when the step input of 5 kV was applied. No 
overshoot was observed and the rise time was around 
7.9 s. The dead region of 2 s shown in Fig. 9 is caused 
by the following phenomenon: The initial shape of 
fiber-reinforced silicone rubber tube had a hyperbolical 
cross-section, which means, narrow in the middle, 
because of the surface tension. Consequently, the 
pressure increase at the early phase was used to deform 
the initial shape to be a straight column. 
Force Characteristics 
The normal force generated by the prototype was 
measured. Fig. 6 shows the experimental result of static 
normal force. The static force measured here is that of 
so to say isometric contraction of natural muscle. The 
normal force showed a quadratic curve as the 
contraction rate did. This kind of characteristics is 
caused by the pressure characteristics, i.e., the pressure 
generated at the micro pressure source showed a 
quadratic relation against the applied voltage. The 
maximum normal force obtained was 0.18 N at the input 

voltage of 6 kV. The inner pressure of 9 kPa might 
generate the normal force of 0.18 N, although it is 
expected to be 8 kPa from the contraction characteristic. 
The generative force of the actuator may seem to be 
small, however, note that the actuator with pressure 
source is extremely small. This means that higher 
actuation forces can easily be obtained by arranging 
several artificial muscle actuators in parallel.  
Fig. 7 shows the experimental result of dynamic normal 
force with the step input of 5 kV. No overshoot was 
observed and the rise time was around 7.5 s. The 
response of the micro artificial muscle actuator was not 
so high, however, it can be improved by placing several 
electrode pairs in series-parallel in order to accelerate 
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Figure 9 Practical design solution
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the flow velocity of the ECF jet. Note that, the electrode 
pair required was extremely compact.  
Finally, the normal force of so to say isotonic 
contraction of natural muscle was measured when the 
input voltage was 5 kV. Fig. 8 shows the experimental 
result. The relation between normal force and 
contraction rate showed non-linear characteristic as that 
of natural muscles do. 

 
PRACTICAL DESIGN SOLUTION 

 
The prototype was for confirming the driving principle 
and for clarifying the basic driving characteristics of the 
micro artificial muscle actuator we proposed. It has the 
fiber-reinforced silicone rubber tube, the micro pressure 
source, the flexible ECF tank and the external tank, 
independently. For practical use, we have to integrate 
the components together. 
Fig. 9 shows a practical design solution of the micro 
artificial muscle actuator. The flexible ECF tank is 
located around the fiber-reinforced silicone tube in order 
to maximize the space efficiency. To realize this purpose, 
the micro pressure source is combined with a tube/tank 
mount. With this design solution, the pressure source 
and tank are incorporated in the actuator. Hence, it is 
easy to be applied for actual systems and to be arranged 
in an array to obtain lager stroke and force. 

 

CONCLUSIONS 
 

A new type of micro artificial muscle actuator using 
electro-conjugate fluid was developed in this study. The 
main contribution of this research is the incorporation of 
the pressure source in the actuator, utilizing the ECF. 
This enables us to construct a compact artificial muscle 
actuator, and then, it is easy to apply the actuator to 
autonomous systems or to micro systems. Furthermore, 
we can arrange the artificial muscle actuators in an array 
just as natural systems do. 
Our future study focuses on controlling the micro 
artificial muscle actuator. Also, we will be focusing on 
applications. 
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ABSTRACT 

 
An Electro-Conjugate Fluid (ECF) is considered as a functional fluid like electro-hydro dynamics fluid, and it has a 
remarkable property that a jet flow is generated between two electrodes when a high voltage is applied to the electrodes. 
In this study two types of linear actuators consisting of the pistons and cylinders using an ECF are proposed. The one 
has a structure of a coil type electrodes, and the other a structure of mesh type electrodes. The proposed actuators are 
fabricated, and their basic characteristics such as piston velocities vs. applied voltages to electrodes and the load 
characteristics are examined in the experiment. The experimental results show that the proposed linear actuators have 
the possibilities to be used as the functional linear actuators. 
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INTRODUCTION 
 

An actuator is an essential component of robots and 
many other mechanical devices. There has been a 
growing demand for increasingly miniaturized and 
versatile actuators in recent years. This has spurred great 
interest in R & D for these components, both in 
solid-state actuators such as piezoelectric and 
electrostatic devices, and devices based on functional 
fluids, such as electro-rheological and magnetic fluids. 
Sumoto discovered that a dielectric fluid will rise 
against the pull of gravity along an electrode submerged 
in the fluid if a sufficiently high voltage is applied to the 
electrodes, a phenomenon subsequently called the 
Sumoto effect. More recently, Ohtubo et al. have 

reported that application of a high voltage to electrodes 
submerged in certain types of dielectric fluids such as 
di-n-butyl dodecandioate causes an intense jet between 
the electrodes. The mechanism of this flow has yet to be 
explained, but since the jet effect is considerably more 
intense than those observed in other electrohydro- 
dynamic (EHD) fluids, these dielectric media have been 
given their own designation, “electro-conjugate fluids” 
(ECF)[1]. ECF may enable construction of actuator 
systems with much simpler structures and driving 
circuits than conventional electric motors. There has 
been much research into different kinds of rotary motors 
based on ECF[2][3][4], pump modules employing EHD 
fluids[5], flow analysis of jets in opposed ring 
electrodes[6][7], and related topics. 



This report describes the concept, fabrication and 
observed operating characteristics of a linear actuator 
based on ECF, a type of actuator which has received 
almost no attention from other researchers to the best of 
our knowledge. Piston-operated linear actuators of two 
configurations were fabricated using coil and mesh type 
electrodes. Operating characteristics were observed for 
both actuators, namely, the piston velocity with respect 
to applied voltage, static characteristics of current in the 
actuator at no load, and load-piston velocity. Future 
issues in the development of these actuators are also 
discussed. 

 
CONCEPT AND FABRICATION OF  

LINEAR ACTUATOR 
 

Since, in addition to rotary actuators, linear actuators 
have been widely used in industry, two types of 
ECF-based actuators were designed and constructed in 
this research. Both a coil and a mesh construction can 
be used for the electrodes in generating an ECF jet as 
the power source for a piston-operated linear actuator; 
accordingly, a coil-electrode linear actuator (coil-type 
actuator) and a mesh-electrode linear actuator 
(mesh-type actuator) were created. 
Coil-Type Actuator 
Figure 1 presents the coil-type actuator fabricated in this 
research. Let us consider the results of applying a 
voltage across the pair of helical coil-type electrodes 
shown in (a) with differing gap sizes of a and b. To 
simplify, let us assume here that a < b.  In this model, 
an ECF jet is generated from the black coil toward the 
white coil in the gap a in Figure 1(a), from left to right, 
while an opposite jet is generated, from right to left, in 
the gap b. Since the gap a is smaller than the gap b, 
however, the strength of the jet in the gap a is greater 
than that in the gap b and therefore, the net effect is the 
excitation of an ECF jet from right to left. Applying an 
opposite voltage will cause a jet from left to right. Thus, 
controlling the polarity and intensity of the voltage 
applied to the helical coil pair controls the direction and 
intensity of the ECF jet. As shown in (b), directing the 
ECF jet into the cylinder inside the coil drives the piston 
in the cylinder. The number of turns in the fabricated 
coil was 4, the diameter was 18 mm, the length was 35 
mm, and the material was tin-plated 1-mm wire. The 
electric power supplied to the coil was produced by a 
high voltage DC source through leads into caps placed 
at each end of the coils. The effective area of the piston 
was made of propylene and measured 12mm in diameter 
and 0.8 mm in thickness. The piston rod was made of 
1-mm piano wire. The overall piston weight was 0.75g 
and the maximum stroke was 16 mm. Transparent 
polyvinyl chloride resin was used for the structure of the 
coil-type actuator. To examine the effect of the a:b gap 
ratio on actuator performance, three coils were 
fabricated with gaps of a =1, 2 or 3mm and b =4 mm. 

 
Figure 1 Configuration of coil type actuator 

 
 

 
Figure 2 Configuration of mesh type actuator 

 
 
Mesh-type Actuator 
Figure 2 is a diagram of a mesh-type actuator. The 
electrodes shown in (a) were two opposed bowl-shaped 
meshes of 0.2-mm-diameter copper wire, woven at a 
spacing of 1 mm. A Bakelite rod 3 mm in diameter held 
the meshes in position while also insulating them from 
each other. Piston rod pieces were inserted along the 
axis at each end of the Bakelite rod and were electrically 
connected to each mesh. The piston rods were 
connected at their tips to a high-voltage source through 
a bearing (Figure 2(b)). The ECF jet was generated by 
charging the electrodes with the voltage through the 
piston rods. As shown in Figure 2(b), the mesh electrode 
structures also serve as pistons, driven directly by the jet. 



In this research, meshes with three diameters (φc in 
Figure 2(a)) were used: 10, 13 or 15 mm. A preliminary 
experiment showed that a pair of flat meshes standing in 
parallel yielded almost no driving force to the pistons; 
the bowl-shaped electrodes were then fabricated and 
tested. This configuration has the advantage of a simpler 
construction than the coil-type actuator. 

 
EXPERIMENTAL  APPARATUS 

 
Figure 3 shows the apparatus used for examining the 
basic operating characteristics of the linear actuators 
fabricated for this research. Each actuator was set in a 
vertical position in the cylinder. The base of the cylinder 
was placed in a container of ECF (not shown in the 
figure) in order to prevent leaks of the ECF from the 
bearing race of the piston. When the actuator was 
charged with a high voltage by the DC source, the 
piston, positioned at the floor of the cylinder by gravity, 
was raised by the action of the ECF jet under the 
influence of the electrodes. The speed of the piston was 
observed with a laser-based displacement/speed sensor. 
Also, the ground side of the electrode was connected in 
series with an exterior electric resistor (10 kΩ) in order 
to estimate the current by measuring the voltage drop 
across the resister. Table 1 displays the principal 
physical characteristics of the ECF used in the 
experiment. 

 
 

 
 

Figure 3 Experimental apparatus 
 
 

Table 1 Properties of ECF 

Boiling temperature 78 [℃] 
Surface tension 0.014 [N/m] 
Kinetic viscosity 0.4×10－6 [m2/s]
Density 1430 [kg/m3]
Firing point None  

 

 
 

Figure 4 Static characteristics between piston velocity 
and applied voltage in coil type actuators with no load 

 
 

 
 

Figure 5 Static characteristics between current and 
applied voltage in coil type actuators with no load 

 
 

STATIC CHARACTERISTICS OF  
THE ACTUATORS (NO LOAD) 

 
Coil-Type Actuator 
A coil-type actuator (see Figure 1(b)) was placed in the 
apparatus shown in Figure 3 and a DC voltage was 
applied to the helical coils. The speed of the piston 
forced upward by the operated ECF jet was recorded 
once it had reached a constant rate. The results are given 
in Figure 4. The symbols ●, ☓, and ▲ represent the 
results for electrode spacing of 1, 2 and 3 mm, 
respectively. All cases showed a nearly proportionate 
increase in piston speed with applied voltage. Also, the 
smaller the dimension of the gap a, the greater the 
piston speed. This is consistent with the increase in ECF 
jet speed of the gap a shown in Figure 1(a). When the 
gap a was 1 mm and the voltage 6.5 kV, the piston 
speed was a considerable 27 cm/s. No results were 
recorded for higher voltages for the gap a = 1 mm 
because at high voltages, the piston speed did not 
become constant within the maximum stroke distance 
(about 16 mm) before the piston struck the top of the 
cylinder. It is reasonable to anticipate that higher piston 



speeds would be attained at higher voltages. 
It should also be noted that the minimum voltage 
necessary to initiate piston displacement diminished 
with gap size; at the gap a = 1 mm, this was 1.5kV. This 
voltage is expected to be greatly affected by the weight 
of the piston and the piston-cylinder friction. 
The piston speed characteristics were found to be 
strongly affected by the gap ratio (a:b) and thus it will 
be necessary to identify the optimal electrode distance, 
given coil shape and dimensions. Figure 5 shows the 
observed current flow between the electrodes with 
applied voltage and electrode gap a. As seen in the 
piston speed characteristics in Figure 4, the current 
between the electrodes increased both with applied 
voltage and with diminishing electrode gap a. 
Mesh-Type Actuator 
The mesh-type actuator (see Figure 2(b)) was placed in 
the apparatus in Figure 3. The same experiments were 
performed as with the coil-type actuator, using the three 
mesh diameters (φc) 10, 13 and 15 mm. Figure 6 
displays the observed relation between applied voltage 
and piston speed, and Figure 7, that between applied 
voltage and current flow between the electrodes. Figure 
6 shows quite similar results to those for the coil-type 
actuator in Figure 4, i.e., all electrodes show a roughly 
linear increase in piston speed with voltage. However, 
in terms of the minimum voltage necessary to obtain 
starting, the mesh-type actuator required a higher 
voltage, and its results showed a greater scatter. As 
described later, this was attributed to the lower driving 
force generated by the present mesh-type actuator 
compared to the coil-type actuator; friction in the 
bearings and at other locations is expected to exert a 
relatively larger effect. The piston speed was highest 
when the φc = 13 mm mesh was used; the speed was 
about equal to that observed with the 1-mm electrode 
spacing in the coil-type actuator. For mesh with φc = 10 
or 15 mm, no clear tendencies were observed in the 
relation between piston speed and electrode size. Figure 
7 shows the current through the mesh structure between 
the electrodes; the current generally increases with 
electrode diameter. However, even though the current 
through the 13-mm-diameter electrodes was about 
midway between the levels at 10 and 15 mm, the piston 
speed at this diameter was highest, as shown in Figure 6. 
Further study is necessary into the relation of the 
electrode size to the current flow and piston speed. As 
the mesh electrode size increases, the electrode current 
and piston speed are also expected to increase, but 
piston mass and fluid resistance to the piston motion 
must also increase. The piston speed is determined by 
the equilibrium among all these factors. These 
interrelationships will have to be clarified before this 
actuator can be applied to real-world uses. 
Time-Based Changes in Static Characteristics 
We have discussed the characteristics of piston speed 
and current between the electrodes with respect to  

 
 
Figure 6 Static characteristics between piston velocity 
and applied voltage in mesh type actuators with no load 
 
 

 
 
Figure 7 Static characteristics between current and 
applied voltage in mesh type actuators with no load 
 
 

 
 
Figure 8 Static characteristics of piston velocity and 
current against elapse of time in coil type actuator with 
no load 
 
 
applied voltage in coil-type actuators and mesh-type 
actuators. For practical application of these actuators, 
however, it is also important to examine how these 
characteristics change with time. Therefore, a coil-type 



actuator with electrode spacing a = 1 mm and a 
mesh-type actuator with mesh diameter of 13 mm were 
subjected to voltage square waves of intensity 0 – 3.5 
kV at a frequency of 0.1 Hz, causing reciprocating 
motion of the pistons, continuously for 60 min. Every 5 
min, the piston speed and the current were observed, as 
shown for the coil-type actuator in Figure 8. The values 
of the piston speed hold constant. However, the current 
decreased somewhat during the 0-5 min period and 
subsequently became approximately constant. The 
mesh-type actuator exhibited the same pattern. 

 
CHARACTERISTICS OF PISTON SPEED WITH 

ACTUATOR LOADING 
 

The piston speed was again measured using the same 
method as described for the unloaded actuators in 
section 4, but this time, a range of weights were 
attached to the upper tip of the piston axle on the 
vertically displacing actuator (see Figure 3) The models 
tested were the coil-type actuator with a 1-mm electrode 
gap and the mesh-type actuator with 13-mm mesh, as 
these produced the highest piston speeds in the unloaded 
condition. The relations between piston speed and 
loading are shown in Figure 9 (coil-type actuator) and 
10 (mesh-type actuator). The loads and piston speeds 
indicated by ▲ , ☓ , and ●  in Figure 9 represent 
voltages of 2.5 kV, 3.5 kV and 4.5 kV, respectively. 
Overall, these figures show the same drooping 
characteristic as seen in the torque-speed curve of a 
typical DC motor. It is easy to control the load by 
adjusting the voltage; this is a desirable trait for the 
purpose of control. In Figure 10, the ▲, ☓, and ● 
symbols represent voltages of 4.5 kV, 5.5 kV and 6.5 kV, 
respectively. The mesh-type actuator showed the same 
trend for piston speed under load as the coil-type 
actuator did. The characteristics in Figures 9 and 10 
were approximated by the broken lines, and then, the 
maximum power efficiency (mechanical power 
output/electrical power input, %) was calculated for 
each voltage. The coil-type actuator showed maximum 
power efficiencies at 2.5 kV, 3.5 kV, and 4.5 kV of 0.5%, 
0.9% and 1.2%, respectively; the corresponding figures 
for the mesh-type actuator at 4.5 kV, 5.5 kV, and 6.5 kV 
were 1.3%, 1.5% and 1.7%, respectively. The maximum 
power efficiencies in both actuators improved with 
increased applied voltage. Also of interest, the electrical 
energy levels supplied to the coil-type actuator and 
mesh-type actuator at 4.5 kV were 400 mW and 90 mW, 
respectively. As mentioned above, the power 
efficiencies at this voltage were similar at 1.2% and 
1.3%, respectively. ECF-based micromotors have 
attained experimental efficiencies as high as 17%. One 
of the issues for future models of these linear actuators 
will be to establish design guidelines for improving the 
power efficiency. 

 
 

Figure 9 Static characteristics between load and applied 
velocity in coil type actuator ( a : b = 1[mm] : 4[mm] ) 

 
 

 
 

Figure 10 Static characteristics between load and 
velocity in mesh type actuator (φ13 ) 

 
 
 

CONCLUSIONS 
 

This report presents two linear actuators based on jet 
flows of electro-conjugate fluids (ECF), which have 
attracted interest as new functional fluids. Piston-type 
actuators were constructed using two different structures 
for the exciting ECF jets: a coil-based structure and a 
mesh-based structure. The basic static characteristics of 
these actuators were investigated. The main findings are 
as follows: 
(1) Both of the proposed linear actuators displayed 
fairly good static characteristics and potential for 
functional improvement. 
(2) In the coil-type actuator, the piston speed and the 
electric current flow between the electrodes grew 
approximately in proportion to the applied voltage. The 
mesh-type actuator showed similar characteristics. The 
coil-type actuator produced an unloaded piston speed of 
27 cm/s when the electrode spacing was 1 mm and the 
applied voltage was 6.5 kV, at a current flow of 120 µA. 
This represents a moderately high piston speed. 



(3) No large changes in function were noted in 
continuous cycling of either actuator for 60 min. 
(4) Both actuators showed load-piston speed 
characteristics closely resembling the well-known 
torque-speed curve for a DC motor. 
(5) The maximum power efficiencies were 1.2% at a 
supplied electrical power of 400 mW for the coil-type 
actuator and 1.7% at a supplied electrical power of 90 
mW for the mesh-type actuator. 
Future research on these linear actuators should aim to 
improve speed, and power efficiency. In particular, more 
detailed design data is required in order to optimize the 
coil and mesh electrode structures of the actuators and 
to investigate methods to prevent leakage of ECF. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
REFERENCES 

 
1. Shinichi, YOKOTA., Atsushi, SADAMOTO., Yutaka, 

KONDO., Yasufumi, OTSUBO. and Kazuya, 
EDAMURA., A Micro Motor Using Electro 
-Conjugate Fluids (ECFs) [Proposition of Stator 
Electrode (SE)-Type Micro ECF Motors] -(in 
Japanese), JSME Journal, 2000, 66-642, Series C, 
pp.627-633. 

2. Shinichi, YOKOTA., Toshiyuki, NEMOTO., Yutaka, 
KONDO., Yasufumi, OTSIBO. and Kazuya, 
EDAMURA., A Micro Motor Using Electro 
-Conjugate Fluids (ECF) [Proposition of 
Rotor-Electrode (RE)-Type Micro ECF Motors]-(in 
Japanese), JSME Journal, 2000, 66-651, Series C, 
pp.275-280. 

3. Shinichi, YOKOTA., Daisuke, SATO., Yutaka, 
KONDO., Yasufumi, OTSUBO. and Kazuya, 
EDAMURA., A Motor Using Electro-Conjugate 
Fluids (ECF) [Proposition of Disk Plate (DP)-Type 
ECF Motors] -(in Japanese), JSME Journal, 2001, 
67-664, Series C, pp.356-361. 

4. Shinichi, YOKOTA., So, KUWAJIMA.,and Kazuya, 
EDAMURA., Realization of a Higher Integrated 
Multi-layered DP-RE-type ECF Micro-Motor -(in 
Japanese), JSME Journal, 2004, 70-693, Series C, 
pp.239-245. 

5. Tetsuya,  AKAGI.,  Shujiro, DOUTA., and  
Hisashi, MTSUSHITA., Development of a Pumping 
Module Using EHD Fluid -(in Japanese). JSME 
Journal, 2002, 68-673, Series C, pp.98-103. 

6. Seong-ⅡJeong, Jamal Seyed-Yagoobi, Theoretical/ 
Numerical Study of Electrohydrodynamic Pumping 
Through conduction Phenomenon, IEEE Trans, on 
Industry Applications, 39-2(2003), pp.355-361. 

7. S.I.Jeong and Seyed-Yagoobi, Innovative Electrode 
Designs for Electrohydrodynamic Conduction 
Pumping, 0-7803-7420-7/02, 2002, IEEE, 2204-2208. 



 
 
 
 

MICRO-ELECTROHYDRODYNAMIC PUMP BY 
DIELECTRIC FLUID: IMPROVEMENT FOR PERFORMANCE 

OF PRESSURE USING CYLINDRICAL ELECTRODES 
 
 

Ichiro KANO*, Kazuya MIZUOCHI* and Ichiro TAKAHASHI* 
 

* Yamagata University, Mechanical Systems Engineering 
4-3-16, Jonan, Yonezawa-shi, Yamagata Japan 

(E-mail: kano@yz.yamagata-u.ac.jp) 
 
 
 
 

ABSTRACT 
 

This paper presents the improvements for the performance of a micro-electrohydrodynamic (EHD) pump and the 
fundamental model theory based on unipolar charge conduction. The EHD pump was fabricated with thin stainless 
wires which are the diameter of 0.3mm. An electrode pair consisted of one emitter electrode and two collector 
electrodes. The distance between the emitter and the collector electrode in an electrode pair had a 0.2mm. Static 
pressure tests have been performed with a dielectric fluid. In order to increase the pressure performance, the electrode 
pair was increased from one to five at the distance between the electrode pairs, 2.0mm. As a result, it is found that the 
increase of the electrode pairs improve the pressure performance. The EHD pump produces a static pressure about 700 
Pa with five electrode pairs using Dibutyl Sebacate. Both experimental and theoretical pressure results show a liner 
relationship. This linear relationship confirmed the unipolar conduction concept theoretically. 
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NOMENCLATURE 
 
L  :  length, m 
P  :  pressure, Pa 
V  :  voltage, V 
h  :  height, m 
r  :  radius, m 
 
ε  :  dielectric constant, F/m 
μe  :  Ion mobility, m2/V･s 
μ  :  Dynamic viscosity, Pa･s   
ρ  :  Liquid density,  kg/m3 

σ  :  Electric conductivity, S/m   
 

INTRODUCTION 
 

With the advance of micro fabricated electro- 
mechanical devices, new applications such as micro 
pumps and micro actuators are expected. In these days, 
the electronic devices are demanded for reducing both 
volume and weight while increasing their complexity and 
power density. The micro pumps will be used in a micro 
fluidic pump in order to cool the electric devices. In 
micro-fabricated systems, the pumps without moving 
parts are of special interest. The electrohydrodynamic 
(EHD) pumps without vibration and dissipate power are 
electronically controllable and require no or little 
maintenance. These advantages make them attractive for 



applications in micro-systems. 
The EHD pumps use the Coulomb force by unipolar 

charge conduction to produce high pressure in a compact 
design pump without moving parts. The charges on a 
dielectric fluid are charged and directly discharged on the 
surface of electrodes. The fluid molecules are charged 
with electrodes and derived by the electric field between 
electrodes in the EHD pump [1]. 

The fact that dielectric liquids can be pumped by the 
injection of ions in applied electric field between the 
electrodes has been known for some time. Indeed, the 
theoretical and experimental investigations of the EHD 
pump were widely pursued in early 1960’s. Stuetzer [2] 
and Pickard [3], [4] were the fist researchers who 
proposed and studied the ion-drag EHD pump. Later, 
many researchers made further studies of the ion-drag 
EHD pump.  

Crowley et al. [5] showed that high dielectric constant 
and low viscosity would lead to high flow velocity, while 
low electric conductivity and mobility would promote 
high efficiency. 

With development of micro-fabricated technology, 
intense research efforts have been made toward 
micro-fluidic systems and micro-liquid handling devices 
[6], [7]. 

Otsubo et al. [8] used the jet flow produced by the 
injection of ions in Dibutyl Sebacate as the rotational 
power of motors. Yokota et al. [9] developed the 
micro-motors of a millimeter-scale outer diameter using 
Dibutyl Sebacate. 

This paper presents the arrangements of the electrodes 
made by thin stainless wires to improve the pressure 
performance of the EHD pump (Figure 1). Also, this 
paper presents a fundamental model developed to design 
and characterization of the EHD pump.  
 

EXPERIMENTAL SETUP 
 

A photograph of the EHD pump is shown in Fig. 1. 
The overall dimensions of the micropump are 30×30×
4.9 mm and of the pumping channel are 24×24×0.9 
mm. The main body of the pump was made by the 
acrylic resin. 

An arrangement of the electrodes is shown in Fig.2. 
The EHD pump was fabricated with the thin stainless 
wires which are the diameter of 0.3 mm. An electrode 
pair consists of one emitter electrode fixed on the center 
of the channel and two collector electrodes fixed on the 
channel walls. A distance between emitter and collector 
electrodes was 0.2 mm. The distance, L, between the 
electrode pairs was changed with 0.6, 2.0 and 3.4 mm. 
The number of the electrode pairs can be increased from 
one to five. 

The static pumping tests of the EHD pump were 
performed with a Dibutyl Sebacate. This fluid has a 
relative dielectric constant, 0/ε ε =4.8 and a low electric 

conductivity, 104.7 10σ −= ×  (S/m). Other properties of 
this fluid are listed on Table 1. 

A positive DC-voltage (KIKUSUI Model 
PHS10K_10) was applied to the emitter electrodes. A 
voltage drop on a resistance (100 k ) inserted in 
negative electrode is monitored by a multimeter 
(YOKOKAWA Model 7562) and the electric current of 
the pump circuit can be calculated from the measured 
voltage and the resistance. 

Ω

The outline drawing of static pressure measurement is 
shown in Fig. 3. The static pressure (zero flow rates) was 
measured using an inclined-tube manometer. The acrlic 
tubes for the inclined manometer have the inner diameter 
of 3 mm and the length of 1 m. All experiments were 
performed at a room temperature. 
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gure 1 Top view of the EHD pump

 
 
 
 
 
 
 
 
 
 
 
 

(a) Top  view 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

(b) Side view 

 Figure 2 Arrangement of the electrodes



 

Figure 4 Static pressure as a function of 
applied voltage for the case of 

various electrode distances 
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Table 1 Properties of Dibutyl Sebacate 

Properties Dibutyl Sebacate
(C18H34O4) 

Relative dielectric constant  ε/ε0 4.8 
Electric conductivity  σ 

[S/m] 4.7×10-10

Ion Mobility  μe

[m2/V･s] 2.1×10-9

Viscosity  μ 
[Pa･s] 9.4×10-3

Liquid density  ρ 
[kg/m3] 940 
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Figure 5 Static pressure as a function of 
applied voltage for the case of 

various number of electrode pairs 
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Figure 3 Outline drawing of static pressure 
measurement 

 
EXPERIMENTAL RESULT 

 
The static pressure of the EHD pump was determined 

the using Dibutyl Sebacate as working fluid. The 
electrodes and the pumping channel were cleaned with 
ethanol to avoid the contamination of the fluid with 
impurities. The applying voltage was varied such as 0.2, 
0.4, 0.6, 0.8 and 1.0 kV. When the voltage was applied to 
the electrodes, the liquid lifted height was recorded, 
while the voltage was raised by steps. The maximum 
point of the liquid height was recorded, since the liquid 
lifted height tends to decrease with time. 

The measurement of static pressure for the various 
distances between two electrode pairs, L, is shown in Fig. 
4. The distance, L, is changed such as 0.6, 2.0 and 3.4 
mm. The electrodes layout of the one electrode pair is 
labeled P1. The distance between the emitter and the 
collector is 0.2mm (Fig. 1). The other layouts labeled 
such as P2L0.6, P2L2.0 and P2L3.4, have two electrode 
pairs with the distance, L, of 0.6, 2.0 and 3.4mm, 
respectively.  

The static pressure of P2L2.0 shows the highest 
performance in these experiments. Therefore, it is 
evident that the case of L=2.0 indicates the best 
performance. The static pressure for P2L2.0 is up to 340 
Pa at applying voltage of 1 kV. 
  The static pressure results by increasing the number of 
electrode pairs are shown in Fig. 5. All of the electrode 
distance between the electrode pairs, L, is the same as 

2.0 mm. The numbers of the electrode pairs are increased 
one to five in the EHD pump. We believe that the lager 
number of the pairs is the better pumping performance in 
this design. The static pressure for P5L2.0 was raised up 
to 700 Pa at applying voltage of 1 kV. 

 
DISCUSSION 

 
The simple formulas of the EHD pump for plane, 

cylindrical and spherical electrode were summarized by 
Stuetzer [2]. Stuetzer derived the static pressure of EHD 
pump with a cylindrical electrode as: 

 
             

2
0

0

log
V V rP

r r
−⎛ ⎞

Δ ≈ ⎜ ⎟
⎝ ⎠

ε       (1) 

 
where P is the pressure within the fluid, V is the appling 
voltage, ε is the permittivity and V0 is the threshold 
voltage below which pressure is not obtainable. V0 is 



assumed to be zero in this paper. r is the radius of 
between the electrodes and r0 is the radius of a electrode. 
The main dimensional parameters of this arrangement 
are indicated in Fig. 6. 

Figure 6 Arrangements and the parameters for 
cylindrical coordinates 

According to Eq. (1), the pressure of the EHD pump is 
proportional to the square of the electric field when the 
electrodes are fixed. 

The pressure drop is generated at an electrode pair and 
between the electrode pairs. The pressure drop between 
the electrode pairs is generated to the opposite direction 
of the pressure drop generated at an electrode pair. 
Although the electric field between the emitter and the 
collector are slightly affected by the other electrodes, we 
assumed that the electric field between the emitter and 
the collector is not interfered by the other electrodes. The 
total pressure drop is exerted by the electric filed 
between the emitter and the collector. Then, we have: 
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Figure 7 Relationship between experimental and 
theoretical pressure for the case of  

various electrode distances 
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where r’ is the radius between the electrode pairs and N 
is the number of the electrode pairs.  

Figure 7 shows the comparison between the 
experimental and the theoretical values from Eq. (2). The 
relationships between experimental and theoretical 
pressure are not a liner except for P2L2.0, while we can 
expect that all relationships are linear from Eq. (2). The 
deviation from linear relationship would be caused by 
the impurities in the liquid. 

Figure 8 shows the comparison between the 
experimental and theoretical pressure. The experimental 
pressures are the values in Figure 5 and the theoretical 
ones are from Eq. (2).  

There are almost liner relationships between the 
experimental and the theoretical results. This linear 
relationship confirmed the concept of unipolar 
conduction theoretically. The results of pressure obtained 
with five pairs of the electrodes P5L2.0 show high 
performance. It is found that increasing the pair of the 
electrodes improve the pumping performance. 
 

CONCLUSIONS 
 

The improvement for the micro-EHD pump using the 
thin stainless wires was investigated and the static 
pressure generated by the pump was quantified. A 
fundamental theoretical model contributed to guide the 
design and characterization of EHD pump. The 
fundamental theory was based on a unipolar conduction 
model reported by Stuetzer [2]. The electrodes were 
consisted of several electrode pairs which have one 
emitter electrode and two collector electrodes. The 
number of electrode pair increased from one to five. The 
results of the static pressure demonstrated successfully 
the capabilities of the EHD pump. The EHD pump with 

five electrode pairs produced a static pressure drop about 
700 Pa using Dibutyl Sebacate. 

Figure 8 Relationship between experimental and 
theoretical pressure for the case of 
various numbers of electrode pairs 
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The relationship between the experimental and the 
theoretical pressure showed a linear relationship. For the 
same boundary conditions of the electrode, the static 
pressures were proportional to the square of electric field 
strength. This linear relationship confirmed the concept 



of unipolar conduction theoretically. As a result, it is 
cleared that the theoretical model is useful to design of 
the high performance EHD pumps. 
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ABSTRACT 
 

The purpose of this study was to develop the new type actuator which has flexibility by using an EHD phenomenon for 
the application to the small machine or welfare system. The EHD phenomenon is a phenomenon that generates the flow 
in the insulating fluid by applying a high voltage electric field. Especially, rotation type actuator using an EGD 
phenomenon was developed by this study. And, EGD (Electro Gas Dynamics) phenomenon is a kind of the EHD 
phenomenon which occurs in the gas. Then, this actuator was called EGD motor. The EGD motor has one pair of 
electrode, one of these is a cylindrical electrode for a stator and another is L shaped electrode for a rotor. We changed 
the shape of electrode and measured the torque and rotation speed, to evaluate the rotational performance of the EGD 
motor 
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INTRODUCTION 
 

Various equipments are developed for the medical and 
welfare system. Especially, in the equipment for the 
welfare system, flexibility to the over-load is more 
necessary than a positioning accuracy. Then, 
compliance is necessary in the actuator to use for these 
equipments. However, because there are few things 
which have compliance in the existing electric actuator, 
advanced control technology is necessary in making 
these equipments have compliance. Moreover, a fluid 
power actuator which uses pneumatics has compliance, 
but a peripheral device such as a pump and a 

compressor is necessary to use this actuator. Because of 
that, when this actuator is used, the whole of the system 
becomes large, and has the problem of the occurrence of 
the noise. 
Therefore, if an actuator for the small system which has 
compliance can be developed, not only a welfare system 
but also application in many industry fields can be 
expected. 
 

EHD PHENOMENON 
 
The EHD phenomenon is a phenomenon that generates 
the flow in the insulating fluid by applying a high 
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Figure 3 Developed EGD motor 

voltage electric field. For example, the insulating liquid 
climbs toward the line electrode from the board 
electrode when the high voltage electric field was 
applied at that electrode arrangement in the liquid as 
shown in figure 1. And the gas which is evaporated 
insulating liquid, contrary to the EHD phenomenon in 
the liquid, flows from the line electrode to the board 
electrode when the line electrode is pulled up in the gas 
from the liquid. This flow of gas was called EGD 
(electro gas dynamics) phenomenon, and we developed 
prototype of actuator by applying this EGD 
phenomenon which flowed from the line electrode to 
the board electrode. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

TYPE OF THE DEVELOPED ACTUATOR  
 
In this study, we developed a rotation type of motor as a 
kind of actuator using the EGD phenomenon, because 
the motor is general actuator. Then we called that 
developed motor the EGD motor. 
 

EGD MOTOR 
 
Figure 2 shows the movement principle of the 
developed EGD motor. Parts which drive the EGD 
motor are composed of the cylindrical electrode and L 
shaped electrode. If the insulating gas is filled here, the 
voltage of the plus is applied to the cylindrical electrode, 
and L shaped electrode is connected with Gnd, the 
current of air by the EGD phenomenon is generated 
from the L shaped electrode toward the cylindrical 
electrode. L shaped electrode installed in the axis rotates 
by the reactive force of the EHD flow. It is thought that 
the number of parts is little and the miniaturization is 
easy because this EGD motor works only by a simple 
electrode structure and the gas. Moreover, it is thought 
that Moreover, it is thought that there are features with 
flexibility because driving source is a gas in the EGD 
motor. 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

PURPOSE 
 

In this research, we aimed at the development of 
actuator which applied the EHD phenomenon. In 
evaluating the EGD motor from both sides of the 
miniaturization of the height of the cylindrical electrode 
and the miniaturization of the diameter of the cylindrical 
electrode, characteristic concerning the miniaturization 
of the EGD motor which used EGD phenomenon 
known as EHD phenomenon generated in the state of 
the gas was examined. 
 

DEVELOPED EGD MOTOR 
 

The appearance of the developed EGD motor is shown 
in figure 3 and the size of this motor is shown in figure 
4. In this motor, the diameter is 96 mm, the height of 
bottom part is 20 mm and the height of lid is 10 mm. 
The size of the cylindrical electrode is 74 mm in the 
outside diameter, 60 mm in the inside diameter, and 
13mm in height. Moreover, L shaped electrode is 20 
mm in length, and 10 mm in width. The EGD motor 
was manufactured by the structure that the cylindrical 
electrode of various diameters and height was able to be 
exchanged easily. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Movement principle of EGD Motor

Figure 1 EHD phenomenon which liquid level
rises, and EGD phenomenon which
liquid level becomes dent 

L shaped electrode 

Rotating directionCylindrical electrode 

Rotation axis 

flow of gas 

L shaped electrode 

Rotating directionCylindrical electrode Cylindrical electrode Cylindrical electrode 

Rotation axis 

flow of gas flow of gas 

100128 terasaka 2/4

Flow of 
evaporated liquid

Board electrode

Line electrode

Flow of liquid

Insulating liquid

Flow of 
evaporated liquid
Flow of 
evaporated liquid

Board electrode

Line electrode

Flow of liquid

Insulating liquidBoard electrode

Line electrode

Flow of liquid

Insulating liquidBoard electrodeBoard electrode

Line electrodeLine electrode

Flow of liquidFlow of liquid

Insulating liquid



Figure 6 The relation among the rotating speed, the torque 
 and the height of the cylindrical electrode 

Figure 4 Size of EGD motor 

L shaped electrode 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

EXAMINATION OF MAKING THIN TYPE 
 
The EGD motor which changed only the height of the 
cylindrical electrode was manufactured, and the 
performance of the EGD motor was evaluated from the 
value of the starting torque and the no load rotational 
speed of the EGD motor which manufactured. 
 

EXPERIMENT DEVICE 
 
The rotating speed is measured with a reflecting plate 
and an optical speed indicator, and the torque is 
measured with the load cell which measures force by 
which the rotation axis winds up the string as shown 
figure 5. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

EXPERIMENT CONDITION 
 

The experiment condition is shown below. 
Applied voltage: 18 kV (Voltage not discharged) 
Cylindrical electrode: Height 13 mm, 10 mm, and 8 mm 
The gas: The insulating fluid was put in the EGD motor, 

and the liquid was evaporated enough. 
Measurement frequency: Average five times 

RESULT 
 

Figure 6 shows the relation among the rotating speed, 
the torque, and height of the cylindrical electrode. The 
rotating speed showed the tendency to increase when 
the cylindrical electrode thinned. The maximum 
rotating speed of the EGD motor became 4741 rpm in 4 
mm height. On the other hand, the torque became 
constant, and was about 20 µNm in each height. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

DISCUSSION 
 

The rotating speed had increased by making the 
cylindrical electrode thin as shown by "Results". The 
force which is effective in the rotating direction 
weakens, because in a high cylindrical electrode, the gas 
which flows from the line electrode to the board 
electrode diffuses as shown figure 7(a). However, the 
flow of gas is bunched by low cylindrical electrode, and 
a bigger reactive force was able to be obtained as shown 
in Figure 7(b). Therefore, it can be said that EGD motor 
is suitable for making to the thin type because the 
rotating speed increase in changing height. The change 
in the value of torque did not appear so much. As shown 
in Figure 8, flow of the gas which generates the 
rotational force disturbs the rotational movement by 
hitting against other electrode on the other hand. 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Experiment device 

Rotation meterRotation meter

EGD motorEGD motorEGD motor

Load cell

Line

Load cellLoad cell

LineLine

10

20

10

20

10

20

10

20

Flow of gas

Reaction force

Flow of gasFlow of gas

Reaction forceReaction force

Flow of gas

Reaction force

Flow of gasFlow of gas

Reaction forceReaction force

(a) Flow of gas in a high 
electrode 

(b) Flow of gas in a 
low electrode 

Figure 7 Influence by thickness of electrode
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Figure 8 Influence which flow of gas in EGD motor
exerts on performance 

Table 1 Inside diameter of cylindrical electrode
and relation of L type electrode 

Figure 9 The relation among the rotating speed, the torque 
 and the diameter of the cylindrical electrode 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

EXAMINATION OF MAKING SLIM TYPE 
 

The inside diameter of the cylindrical electrode which 
be developed EGD motor was changed, to slim type was 
evaluated from idling speed and the starting torque. 
 

EXPERIMENT CONDITION AND 
 EXPERIMENT DEVICE 

 
The experiment condition and the experiment device are 
shown below. 
Applied voltage: 16 kV (Voltage not discharged). 
Electrode: Inside diameter 45 mm, and 30 mm. 

L shaped electrode was changed according to 
the ratio of inside diameters of the cylindrical 
electrode (Table 1). 

Additionally, the experiment is a condition same as the 
examination of making thin type. 
 
 
 
 
 
 
 
 
 
 
 
 
 

RESULT 
 

Figure 9 shows the relation among the rotating speed, 
the torque, and inside diameter of the cylindrical 
electrode in the slim type of motor. The rotating speed 
increases as the inside diameter of the cylindrical 
electrode becomes small, and the torque has decreased. 
Rotating speed became 2918 rpm at 30 mm in the inside 
diameter and torque became 8.5 Nm maximum at 60 
mm in the inside diameter. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

DISCUSSION 
 

The rotating speed increases when the inside diameter 
of the cylindrical electrode becomes small and the 
torque has decreased. As these factors, the rotating 
radius of the line electrode becomes small by reducing 
the inside diameter of the cylindrical electrode, and 
moment of inertia decreases. And, it is thought that the 
rotating speed increases and the torque decreased as 
well as a general rotor. Therefore, it is thought that EGD 
motor can obtain the high revolution by making to a 
slim type as well as a usual electromagnetic motor. 
 

SUMMARY 
 

In this study, we developed the EGD motor using the 
EGD phenomenon which is a kind of the EHD 
phenomenon occurred in the gas. And, to investigate a 
change in the performance of the miniaturized EGD 
motor, we made a thin type of motor and slim type of 
motor. In the slim type of EGD motor, the rotating 
speed was increased compared with the original type of 
EGD motor, as well as a usual electric motor. In 
addition, in the thin type of EGD motor, the rotating 
speed was increased compared with the original type of 
EGD motor, as well as the slim type of EGD motor. As 
for the electric motor, increase of rotational speed in this 
thin type of motor was not seen. 
 
A part of this study was financially supported by the 
Tokyo Denki University Science Promotion Fund. 
 

REFERENCES 
 
1. Sumitaka Terasaka, Akihiro Komiyama, Kazuyuki 

Mitsui, Shinichi Kuroda, Hiroshi Abe, Tsuyoshi 
Saitoh, junko Niitsuma, Basic research on 
development of EHD motor, Japan Society for 
Precision Engineering, 2003 

[mm]

90 10 20
60 7.5 15
45 5 10

Inside diameter of
cylinder electrode

L shaped electrode

I _

[mm]

90 10 20
60 7.5 15
45 5 10

Inside diameter of
cylinder electrode

L shaped electrode

I _

Flow of gas
Flow of gas

Force

Rotational direction

Flow of gas
Flow of gas

ForceForce

Rotational directionRotational direction

100128 terasaka 4/4

0

5

10

0

5

10

60 4530
0

1000

2000

3000

4000

0

1000

2000

3000

4000

Diameter of cylindrical electrode [mm]

Torque
Rotational speed To

rq
ue

 [µ
N

m
]

R
ot

at
io

na
l s

pe
ed

 [r
pm

]

0

5

10

0

5

10

60 4530
0

1000

2000

3000

4000

0

1000

2000

3000

4000

Diameter of cylindrical electrode [mm]

Torque
Rotational speed To

rq
ue

 [µ
N

m
]

R
ot

at
io

na
l s

pe
ed

 [r
pm

]



 
 
 
 

Basic performance of ER gel on one-sided structured electrodes 
 
 
 

Yasuhiro KAKINUMA*, Tojiro AOYAMA* and Hidenobu ANZAI** 
 

* Department of System Design Engineering, Faculty of Science and Technology 
Keio University 

3-14-1 Hiyoshi, Kouhoku-ku, Yokohama, 223-8522 Japan 
(E-mail: kakinuma@sd.keio.ac.jp) 

 
** Fujikura Kasei Co., Ltd. 

5-13-1, Sakurada Washimiya-machi Kitakatsushika-gun, Saitama 340-0203, Japan 
 
 
 

ABSTRACT 
 

 An electro-rheological Gel (ERG) is developed to overcome two shortcomings of Electro-rheological Fluid (ERF): 
sedimentation of ER particles and the seal structure required to allow the use of ERF in machine elements. The ERG 
shows a wide shear stress variation in response to an applied electric field. To apply an electric field to the ERG, it is 
necessary to sandwich the ERG between plane-parallel electrodes. However, it is impractical to wire both electrodes to 
a high voltage supply. In this study, one-sided electrodes are proposed to simplify the wiring structure. The basic 
characteristics of ERG on one-sided electrodes are evaluated experimentally. It is found that these electrodes exhibit 
nearly the same performance as the conventional plane-parallel type. The one-sided ERG mechanism is especially 
useful in applications involving rotating or sliding parts. 
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INTRODUCTION 

 
Electro-rheological Fluids (ERF) [1, 2] are colloidal 
solutions whose viscoelastic properties vary with the 
applied electric field intensity. ERF are classified into 
two types, namely dispersed [3] and homogeneous [4], 
according to their flow behavior. Dispersed ERF and 
homogeneous ERF exhibit Bingham flow and 
Newtonian flow, respectively. 
The research on homogeneous ERF has accelerated in 
recent years and its applications are put to practical use 
in the medical field, e.g., as assist devices for walking 
and rehabilitation [4]. On the other hand, the practical 

shortcomings of dispersed ERF remain: the separation 
and sedimentation of ER particles over long-term use 
caused by the difference in density between the particles 
and the base oil. This reduces the ER effect [5, 6] and 
results in low-stability of ER devices. Another 
shortcoming is that a mechanical seal is required for 
machine element applications.  
The present study reports the development of an 
Electro-rheological Gel [7, 8] that will overcome these 
shortcomings. This new ER material is produced by the 
hydrosilylation reaction, whereby the hydrogensilicone 
and unsaturated compounds attach to the dispersed ERF 
via Si-H bonds. The ER particles are suspended in a gel 
component, and thus sedimentation of ER particles does 



not occur. This suppresses the decrease in ER effect 
associated with precipitation. A seal structure is not 
needed in ERG applications because this is a solid-state 
system. 
The mechanism of shear stress formation in ERG (Fig. 
1) differs from that in ERF [8]. The initial state of the 
ERG sheet sandwiched between a pair of electrodes is 
shown in Fig. 1(a). The shear force between the upper 
electrode and ERG is very low in the absence of an 
electric field because the upper electrode is supported 
by slippery ER particles protruding from the gel surface. 
By contrast, the upper electrode makes contact with the 
sticky gel surface under a high electric field because the 
protruding particles retract into the gel so that dielectric 
polarized particles can attract each other as shown in 
Fig. 1(b). These changes in contact conditions at the 
interface between the electrode and ERG result in the 
shear force variation observed in response to the change 
in electric field intensity.  
To obtain the ER effect in ERG, it is necessary to apply 
an electric field to ERG, which is sandwiched between 
the plane-parallel electrodes. However, it is impractical 
to wire both electrodes to a high voltage supply. Thus, 
the present study proposes one-sided electrodes in order 
to simplify the wiring structure. Using one-sided 
electrodes, the generation of the ER effect in ERF is 
comfirmed by Furusho and Inoue [3]. In the present 
study, the basic characteristics of ERG on one-sided 
electrodes are evaluated experimentally and 
numerically. 
 

STRUCTURE OF ONE-SIDED ELECTRODES 
 

Figs. 2 and 3 show the structure and appearance of the 
one-sided electrodes fabricated. The aluminum 
electrodes are arranged alternately as cathode and anode 
on the insulating plate. Two types of one-sided 
electrodes having a different number of electrodes per 
unit length were designed: one with 10 electrodes where 
each electrode was 50×6.1×6 mm (L×W×H), the other 
with 15 electrodes where each electrode was 50×3.7×6 
mm (L×W×H). The electrode gap in both types was 1 
mm and the overall dimensions were 50×70 mm (L×W). 
An ERG sheet was formed on the electrodes with 
variable thickness. The ERG sheet was fixed on the 
one-sided electrodes because it was caught in slots 
between the electrodes.  
The ER effect generated in the form of bridge-shaped 
electric field lines between the one-sided electrodes 
goes through the ERG sheet. To examine the ER effect 
on the one-sided electrodes, phenomena at the boundary 
between the ERG and the upper plate of the ITO glass 
were observed. As shown in Fig. 4, that the ERG 
surface changes into an adhesive surface under a 
1.5-kV/mm electric field indicates that the ER effect of 
ERG is obtained using the one-sided electrodes.  
 

STATIC PERFORMANCE OF ERG ON 
ONE-SIDED ELECTRODES 

 
Shear test: experimental setup and procedure 
Static performance of ERG on one-sided electrodes 
under an electric field was evaluated by the simple test 

( a ) Without electric field ( b ) With electric field
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Figure 1 Mechanism of ER effect in ERG 
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stand schematized in Fig. 5. The upper plate made of Al 
was set on the ERG sheet formed on the one-sided 
electrodes. The variation in shear force between the 
upper plate and ERG sheet was measured while 
applying an electric field to the ERG. Shear motion was 
applied to the upper plate by a micrometer screw with 
motor-drive equipment. The shear force was measured 
by a strain gauge load cell attached to the slider plate. 
The displacement of the upper plate was measured by 
an eddy current displacement sensor. The behavior of 
shear force was monitored while varying the electric 
field intensity from 0 to 1.5 kV/mm. The shear length 
was set to 600 µm, and the shear speed was adjusted to 
30 µm/s. 
 
Relation between electric field intensity and shear 
stress 
The behavior of shear stress under a variable electric 
field in both the 10- and 15-electrode-type electrodes 
are summarized in Figs. 6(a) and 6(b). An ERG sheet 
was formed on both one-sided electrodes with 0.2 mm 
thickness. When the displacement of the upper plate 
exceeds a certain value, the ERG sheet yields. Higher 
yield stresses are obtained under higher electric field 
intensities. Up to the yield point, the shear stress varies 
linearly with displacement because the upper plate and 
ERG are bonded by the ERG, which was rendered 
adhesive by the electric field. Above the yield point, the 
shear stress increases only gradually. This is due to the 
slip between the surface of the upper plate and the ERG 
sheet. Though the generated shear stress is lower than in 
double-sided electrodes, it is clearly possible to obtain 
the ER effect using an ERG on one-sided electrodes. Fig. 
7 shows the relation between the applied electric field 
and generated yield stress. The generated yield stress 
increases exponentially with the applied electric field. 
By contrast, in the case of double-sided electrodes, the 
generated yield stress varies linearly with the applied 
electric field. This difference can be ascribed to the 
electric field lines going through the ERG, which 
increase exponentially in the case of one-sided 
electrodes, but linearly in the case of double-sided 
electrodes. 
As shown in Fig. 7, the generated shear stress increases 
with the number of electrodes. To investigate the effects, 
if any, of the electrode structure on the generated shear 
stress, FEM analysis of the electric field is performed in 
one-sided electrodes at an electric field intensity of 1.5 
kV/mm. Fig. 8 shows the FEM analysis results for the 
15-electrode type. Clearly, the bridge-shaped electric 
field lines go through the ERG sheet. Perpendiculars 
dropped from the center of the cathode and anode to the 
boundary line between the ERG and the upper plate 
intersect the boundary at points A and B, respectively. In 
order to investigate the electric field distribution on line 
segment AB, 20 points are taken on the segment at 
equal intervals and the electric field intensity at each 

point is determined. Fig. 9 shows the distribution of the 
electric field intensity on segment AB. The average of 
the electric field intensity between A and B is equal to 
the average electric field intensity at the boundary 
between the ERG and the upper plate. The average 
electric field intensity is given by 
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Figure 5 Experimental setup for shear test 

0

0.5

1

1.5

2

2.5

3

3.5

4

0 200 400 600

Displacement ( µm )

N
om

in
al

 s
he

ar
 s

tre
ss

 ( 
kP

a
)

( a ) the total number of electrode: 10

0 500

1000

1500V/mmYield point

0

0.5

1

1.5

2

2.5

3

3.5

4

0 200 400 600

Displacement ( µm )

N
om

in
al

 s
he

ar
 s

tre
ss

 ( 
kP

a
)

( a ) the total number of electrode: 10

0 500

1000

1500V/mmYield point

Displacement ( µm )

N
om

in
al

 s
he

ar
 s

tre
ss

 ( 
kP

a
)

( b ) the total number of electrode: 15

0

0.5

1

1.5

2

2.5

3

3.5

4

0 200 400 600

0

500

1000

1500V/mmYield point

Displacement ( µm )

N
om

in
al

 s
he

ar
 s

tre
ss

 ( 
kP

a
)

( b ) the total number of electrode: 15

0

0.5

1

1.5

2

2.5

3

3.5

4

0 200 400 600

0

500

1000

1500V/mmYield point

 
Figure 6 Behavior of shear stress under variable electric 

field 

0

0.5

1

1.5

2

2.5

3

0 500 1000 1500 2000

Electric field intensity (V/mm)

Yi
el

d 
st

re
ss

 ( 
kP

a
)

10 electrodes

15 electrodes

 
Figure 7 Relation between the generated yield stress and 

applied electric field 
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where Eave is the average electric field intensity between 
the upper plate and the ERG sheet and Ei is the electric 
field intensity at each point on segment AB. The 
average electric field intensities using 10 and 15 
electrodes are 336 and 465 kV/mm, respectively. The 
thinner the electrode width is, the higher the average 
electric field intensity, and hence, the higher the 
generated shear stress. 
Based on the electric field analysis, a way to solve the 
yield stress from the average electric field intensity is 
proposed. In the case of the double-sided electrodes, the 
generated yield stress is roughly proportional to the 
applied electric field intensity. Fig. 10 shows the shear 
stress behavior in double-sided electrodes using the 
same ERG material. Under an applied electric field 
intensity of 1.5 kV/mm, the yield stress is about 9 kPa. 
Using this and the FEM analysis results, the relation 
between the estimated yield stress and average electric 
field intensity is formularized: 
 

aveest E×=
1500

9τ   (2) 

 
where τest is the estimated yield stress. The estimated 
yield stress in the case of 10 and 15 electrodes is 2.0 and 
2.79 kPa, respectively. These values determined by Eq. 
2 match the results shown in Fig. 6 almost exactly. It 
appears that the generated yield stress depends on the 
average electric field at the boundary.  
The average electric field intensity at the boundary 
seems to be determined by the ratio of the electrode gap 
to the electrode width. To generate the highest yield 
stress possible the ratio that gives the highest average 
electric field intensity at the boundary is determined. 
Then, at a constant electrode width, the influence of the 
electrode gap on the average electric field intensity is 
investigated by means of FEM analysis of the electric 

field. Fig. 11 illustrates the relation between the 
electrode gap and average electric field intensity, for an 
electrode width of 3.7 mm. The average electric field is 
calculated by Eq. 1. The maximum average electric field 
intensity occurs at an electrode gap of about 0.5 mm. 
That is, the most efficient design in terms of the 
generated yield stress would presumably be one-sided 
electrodes with an electrode gap of 0.5 mm and an 
electrode width of 3.7 mm. 
From these results, it is possible to estimate the yield 
stress by FEM analysis, which helps in designing any 
device that incorporates the ERG. 
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Figure 8 Distribution of electric lines 
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Figure 9 Distribution of electric field at the boundary 
between ERG and the upper plate 
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DYNAMIC PERFORMANCE OF ERG ON 

ONE-SIDED ELECTRODES 
 
Procedure 
The static performance assessment reveals that the ER 
effect can be obtained without wiring the upper plate. 
Then, to investigate the feasibility of using the ERG in a 
given device, e.g., as a clutch in a torque transfer device, 
its dynamic performance is analyzed experimentally. 
Fig. 12 shows the experimental setup for the vibration 
test. A 0.2-mm-thick ERG sheet and 15 one-sided 
electrodes are prepared. When vibrations are applied to 
the slider, the upper plate connected to it through a load 
cell is vibrated. In the absence of an electric field, the 
amplitude remained constant at 100 µm, while the 
frequency was varied from 5 to 100 Hz. The 
displacement amplitude and generated shear force were 
measured while applying an electric field to the ERG 
under vibration conditions. From the results of this test, 
the response of the ERG to the applied electric field is 
obtained. 
 
Vibration test results 
Fig. 13 shows the measurement results obtained at a 
frequency of 25 Hz. The electric field shown on the 
right vertical axis does not refer to the field at the 
boundary between the ERG and upper plate, but rather, 
to that between the electrodes. The vibration of the 
upper plate is quickly suppressed by the applied electric 
field as shown in Fig. 13(a): the amplitude of the 
electrode drops from 100 µm to less than 10 µm as a 
result of the applied electric field on the ERG. The shear 
stress is increased by the applied electric field as shown 
in Fig. 13(b); the shear stress amplitude increases from 
1 kPa to more than 2.5 kPa. 
Table 1 shows the dynamic responsiveness of the ERG 
on one-sided electrodes (the 15-electrode type), which 
differs little from the responsiveness of double-sided 
electrodes. ERG exhibits a very high ON responsiveness. 
However, the responsiveness of ERG in the CUT OFF 
operation is rather low. This is because the ERG is a 
passive material so that releasing the polarization charge 
in ER particles naturally requires time when the power 
supply is cut off. 
Fig. 14 shows the relation between displacement of the 
electrode and shear stress over a period of cyclic 
vibration. When the applied electric field is relatively 
low, a hysteresis is observed between the displacement 
and the shear stress. This is presumably caused by the 
viscous damping of the ERG sheet, i.e., the damping 
effect due to the energy dissipation of viscous friction 
loss. By contrast, the vibration energy is converted into 
elastic energy as the electric field intensity exceeds 750 
V/mm. 
Fig. 15 shows the effect of the applied electric field 
intensity on the dynamic compliance of the upper plate. 

Vibrator

Load cell

One-sided electrode

Eddy current displacement sensor

Slider

Upper plate

Figure 12 Experimental setup for vibration test 
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Figure 13 Result of vibration test at 25Hz 

 
Table 1 Response time of ERG 
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Figure 14 Influence of electric field intensity on 

hysteresis characteristics  



The peak value of the dynamic compliance curve 
decreased with increasing electric field intensity, 
indicating that the vibration of the upper plate can be 
effectively suppressed by the ERG on one-sided 
electrodes. 
 

CONCLUSION 
 
Using the developed ERG in a device with a rotating 
mechanism is problematic in that the ERG needs to be 
wired to the rotating part. To simplify the wiring 
mechanism, one-sided electrodes were proposed and 
applied to the ERG. The basic performance of the ERG 
on one-sided electrodes was analyzed experimentally 
and numerically. The relation between the generated 
shear stress and applied electric field was investigated 
via shear tests. Results indicated that the ERG on a large 
number of electrodes per unit length showed a large 
variation in shear force in response to changes in 
applied electric field intensity. Moreover, the yield 
stress clearly depends on the average electric field at the 
boundary between the ERG and the upper plate. 
Dynamic characteristics of the ERG on one-sided 
electrodes were determined through a simple vibration 
test. The results of this test showed the suitability of the 
ERG for use in vibration attenuators. It is expected that 
ERG on one-sided electrodes will find applications in, 
for example, clutch mechanisms, damping devices, and 
braking systems.  
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ABSTRACT 
 

Flow visualization of a liquid crystal mixture in mini cylinders is conducted under application of the rotating electric 
fields. The mini cylinder with the electrodes on some parts of the inner surface of the cylinders is used. The cylinder is 
1.0mm or 2.0mm in length and 1.1mm in diameter. The three-phase alternating currents and the rectangular wave 
voltages are used as the rotating electric fields. The frequency and the amplitude of the voltages are changed to 
investigate the effect of the unsteady electric fields on the flow phenomenon of the liquid crystal mixture. When the 
frequency and the voltage of the three-phase voltages are 60Hz and 260V the rotation speed of the liquid crystal is 14.3 
r.p.m. On the other hand, when the frequency and the voltage of a rectangular wave voltage are 600Hz and 200V the 
rotation speed is 2.7 r.p.m.  
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INTRODUCTION 

 
Fluids whose rheological properties like an apparent 
viscosity can be controlled using electric or magnetic 
fields from outside are known as one of the functional 
fluids nowadays. Especially fluid whose properties can 
be controlled using the electric fields is said to be ER 
(Electro-rheological) fluids. Many research works about 
the welfare devices, the micro machine etc, as the 

application of the ER fluids have been performed. Liquid 
crystal is one of the homogeneous ER fluids without 
precipitation and therefore has high reliability. The area 
for the application using the liquid crystal is expanding 
and many applications are expected in the future. 
The authors examined the influence of the electric fields 
on the flow of the liquid crystal mixture in the circular 
tube with the electrodes on some parts of the inner 
surface of the tube [1]-[3]. As a result, the influence of 
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the electric fields on the characteristics between the 
pressure drop and the flow rate of the liquid crystal 
mixture became clear when it flowed in the circular tube 
electrode. Furthermore, we found that the liquid crystal 
mixture flows in the peripheral direction in a 
mini-cylinder with three sets of electrodes on the inner 
wall under application of three-phase alternating currents 
as the rotating electric fields [4]. The facing electrodes 
have an equal electrical current potential. Namely the 
liquid crystal mixture in itself causes the flow under 
application of the unsteady electric fields. Development 
of a micro-motor is expected using the mechanism 
mentioned above, but the mechanism of the liquid crystal 
mixture generating a flow is unclear in the present stage. 
In this study, the influence of the rotating electric fields 
on the flow of the liquid crystal mixture is examined in 
detail using two different cylinder electrodes. The inside 
diameter is smaller than the cylinder electrode made in a 
previous report [4]. The depths of the present 
mini-cylinder electrodes are 1 and 2mm. Especially the 
velocity distribution of the liquid crystal is investigated 
using PIV(Particle Image Velocimetry) processing. And 
we found that the liquid crystal mixture flows in the 
peripheral direction when the rectangular wave voltages 
are used as the rotating electric fields. 
 

EXPERIMENTAL SETUP AND METHODS 
 

In the present experiments, the liquid crystal mixture is 
used as one of the homogeneous ER fluid. This is the 
material that is mixed with some kinds of the nematic 
liquid crystals, and its viscosity is higher than the 
nematic liquid crystal. The liquid crystal mixture was 
supplied by MERCK Japan Co., Ltd. The isotropic 
nematic transition is 90.0 ℃  and smectic-nematic 
transition is – 44.0℃.  The physical properties of the 
liquid crystal mixture used in the present study are 
shown in Table.1. Moreover those of the nematic liquid 
crystal are also shown in the same table.  
Figure 1 shows a mini-cylinder of 1.1mm in inner 
diameter with the electrodes on the inner wall used in 
this experiment. Six electrodes are insulated every 
0.2mm interval on the inner wall.  
Figure 2 shows the experimental apparatus using 
three-phase alternating currents as the rotating electric 
fields to observe the flow of the liquid crystal mixture 
under the application of the electric fields. In this 
experiment, the electrodes facing each other have an 
equal electrical current potential. For example, the 
electrodes 1 and 4 have a same potential. The depth d is 
1mm or 2mm.Three-phase alternating current shown in 
Figure 3 is applied on the electrodes in this cylinder 
electrode. The voltage curves ○1 , ○2  and ○3  or ○4 , 
○5  and ○6  come in that order. The voltage is applied in 

the clockwise direction from top view. Flow of a liquid 
crystal mixture in the cylinder is visualized in the axial 
direction using a commercially available digital video 
camera. In addition, the effective value of the voltage to 
add on the electrodes of 1mm or 2mm in depth is 
changed between 0 and 260V and the frequency is also 
changed between 0 and 60Hz according to the change of 
the effective value in this experiment. Based on the 
present restriction of our device to generate the electric 
fields, the frequency and the effective value can not be 
changed independently. In this study, the frequency 
means the frequency of one-phase alternating current and 
the voltage means the effective value. 
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Table 1 Comparison of physical properties 
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Figure 1 Mini-cylinder 
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Figure 2 Experimental apparatus using three-phase alternating current  
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 Figure 3 Three-phase alternating current  
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EXPERIMENTAL RESULTS 

 
Table 2 shows the flow states of the liquid crystal 
mixture when three-phase alternating currents are added 
on the electrodes in the cylinder with 1mm or 2mm in 
depth. The voltage is increased from 0 to 260V and the 
frequency is also increased from 0Hz to 60Hz according 
to the change of the voltage. In both the cylinder 
electrodes, the liquid crystal mixture does not flow 
without the electric field and it begins to flow when the 
electric field is applied on the electrodes. Furthermore, 
the frequencies of the voltage are about the same for two 
cases when the liquid crystal begins to rotate. 
In addition, the flow visualizations under the application 
of the rectangular wave voltages in the circumference 
direction as a rotating electric field were conducted. 
Tables 3 and 4 show the results for d =1mm and 2mm. 
The rotating flow occurred for the rectangular wave 
voltage, but the rotational speed of the liquid crystal 
mixture for d =2mm is about 3 r.p.m. and is small 
compared with the case of three-phase alternating 
current. 
We measured the rotational speed of the liquid crystal by 
observing a small air bubble moving in the 
circumference direction at 0.25mm of the radius from the 
visualized results using a commercially available digital 
video camera. The averages of the rotational speeds are 
shown in Figures 5 and 6. As a result, for both cases of d 
=1mm and 2mm, the rotational speed under the 
application of the three-phase alternating currents 
increased greatly from 51Hz as shown in Figure 5. And 
for d =2mm, the rotational speed under the application of 
the rectangular wave voltage increased greatly from 
200Hz to 600Hz as shown in Figure 6. On the other hand, 
it is almost constant from 600Hz. And for d =1mm, the 
rotational speed under the application of the rectangular 
wave voltage did not change in the range of the present 
experiments. In addition, the liquid crystal mixture did 
not rotate from 1Hz to 800Hz in the case of d =1mm. So 
there is no experimental date of the rotation between 
200Hz and 800Hz for d =1mm in Figure.6. The rotation 
speed for d =2mm is about twice as fast as for d =1mm 
between 800Hz and 1200Hz. 
Furthermore, Figures 7 and 8 show the results analyzed 
using PIV(Particle Image Velocimetry) processing to 
obtain the velocity distributions. The liquid crystal 
mixture flows both in the circumference direction and 
the axial direction in the cylinder for d =1mm. On the 
other hand, it flows only in the circumference direction 
for d =2mm. In these figures, the smoothing processing 
is done several times to obtain only the velocity direction 
in the flow field.  
 
 
 
 

 
 

Table 2 States under three-phase alternating currents 
(d =1mm, 2mm) 

 
 
 

 
State 

Frequency
[Hz] 

Voltage 
[V] Remarks 

Stationary 0 0 Stationary  

Random 1-44 0-195 

Liquid crystal 
mixture flows 
under electric 
field added. 

Slow 
rotation 44-55 195-245 

Liquid crystal 
mixture rotates 

slowly. 
Fast 

rotation 
 

55-60 245-260 Rotational speed 
is 7.9-14.3r.p.m.

 
 
 Table 3 States under rectangular wave voltages 

(d =1mm)  
 

 
State 

Frequency
[Hz] 

Voltage 
[V] Remarks 

Stationary 0 200 Stationary  

Random 1-800 200 

Liquid crystal 
mixture flows 
under electric 
field added. 

Slow 
rotation 800-1200 200 Rotational speed 

is 1.3r.p.m. 
 
 
 Table 4 States under rectangular wave voltages 

(d =2mm)  
 
 
State 

Frequency
[Hz] 

Voltage 
[V] Remarks 

Stationary 0 0 Stationary  

Random 1-250 200 

Liquid crystal 
mixture flows 
under electric 
field added. 

Slow 
rotation 250-600 200 

Liquid crystal 
mixture rotates 

slowly. 

Fast 
rotation 600-1200 200 

Rotational 
speed is  
2.7r.p.m. 
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Figure 5 Rotational speeds per a minute 
(three-phase alternating currents)  
 
 

0 200 400 600 800 1000 1200 1400
Frequency[Hz]

d=1mm
d=2mm

 
 
 

Figure 8 Results analyzed by PIV (d =2mm,
three-phase alternating current) 

 
 
 
 

CONCLUSIONS 
 

In this study, we added the three-phase alternating 
currents and the rectangular wave voltages as the rotating 
electric fields on the liquid crystal mixture in the 
mini-cylinder with the electrodes to generate the flow in 
the circumference direction. Some main conclusions are 
shown below. 

c

e 
Figure 6 Rotational speeds per a minute 
(rectangular waves)  
100089 tsukiji 5/6 

1.1mm1.1mm

1. In both the cylinder electrodes for d=1mm and 2mm in 
depth under the application of the three-phase alternating 
currents, the liquid crystal mixture began to rotate when 
the frequency and the effective value of the voltage 
increased to 45Hz and 195V. 

 

e
 
 
 

2. The liquid crystal mixture flows both in the 
circumference direction and the axial direction for d 
=1mm. On the other hand, it flows only in the 
circumference direction for d =2mm  
3. Using the PIV processing, we analyzed the velocity 
distributions of the flow in the cylinder electrodes and 
can grasp the state of the liquid crystal mixture rotating. 
4. The rotational speed of the liquid crystal mixture 
increases when the frequency and the effective value of 
the voltages increase in the range of the present 
experiments. The maximum rotational speed was about 
14.3 r.p.m. 
5. When the rectangular waves of the voltage were added 
as rotating electric fields on the liquid crystal, it rotates. 
However the rotational speed was smaller than that in the 
case of the three-phase alternating currents. 7 Results analyzed by PIV (d =1mm,

three-phase alternating current)  
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ABSTRACT

This paper describes the viscosity variation of a liquid crystal under electric field, and its application to a controllable sliding
bearing. Liquid crystal is known as a homogeneous organic liquid characterized by the long-range order of its molecular
orientation. When an electric field is applied to a liquid crystal film as lubricant, the orientational order of molecules become
parallel to the applied field, whch causes apparent viscosity variation. In this paper, a controllable slinding bearing system
was constructed and its dynamic characteristics were studied. When step load or sinusoidal load was applied to the bearing
pad, the film thickness was successfully controlled by a conventional PID controller. The response frequency was also
studied in the experiment.

KEY WORDS

Liquid crystal, Fluid lubrication, Electroviscous effect, Control, Step bearing

INTRODUCTION

Sliding bearings support the applied load by the pressure
produced in lubricating oil or air which is subjected to
shear deformation [1],[2]. In such sliding bearings, there is
a gap between lubricated surface, and the friction force in
lubricated sliding bearings is far smaller compared with
the friction in ball bearings. Though sliding bearings are
superior to ball bearings from the viewpoint of friction
force, the lubricating condition in sliding bearings may be
strongly governed by the design of bearing assembly and
their operation conditions. The lubricating film thickness
may be varied by the fluctuation of applied load, sliding
velocity, temperature of lubricating oil, etc.
   One of the primary factors which give influence on the
lubricating condition is the viscosity of lubricant which
has been thought to be invariable under constant tem-

perature and normal pressure level. We aim to control the
viscosity of lubricant by the external signal introducing
liquid crystal as lubricant in sliding bearings.
   Liquid crystal is known to show Electrorheological (ER)
effect under some electric field. The molecular shape of
liquid crystal in nematic phase is considered to be elliptic
cylinder and its primary direction of molecules can be con-
trolled by the applied electric or magnetic field, and rheo-
logical properties varies in accordance with the field
strength. It is also known that the main axis of molecules
coincides the shear direction on lubricated surface, which
induces decrement of the friction force without any elec-
tric nor magnetic field. In this sense, liquid crystal is supe-
rior to any other luburicating oil.
   In the present paper, a small size model of sliding bearing
system with liquid crystal was manufactured and dynamic
characteristics of liquid crystal film was examined experi-

DYNAMIC CHARACTERISTICS OF LIQUID CRYSTAL FILM
IN A SLIDE BEARING UNDER ELECTRIC FIELD
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mentally.  When some fluctuating load was applied to the
sliding bearing, the film thickness was controlled by the
applied electric voltage to the bearing surfaces. The ap-
plied voltage was controlled by a conventional PID con-
troller, and the film thickness was tried to be kept constant
even when the applied load to the bearing was varied. The
friction force variation by the applied electric field strength
was also studied.

LIQUID CRYSTAL

Liquid crystal is an organic liquid characterized by the
‘long-range’ order of its molecular orientation [3],[4]. This
molecular orientation changes in either of two ways, in a
certain range of concentration and in a certain range of
temperature, resulting in two types of liquid crystal re-
ferred to as lyotropic and thermotropic liquid crystal, re-
spectively. Liquid crystal is also classified into high and
low molecular weight types. A finer classification is made
on the basis of the structure of molecular orientation. Two
models of typical phase are shown in Fig. 1,  nematic and
smectic phases, and the rest two are known as cholesteric
and discotic phase.
   The most popular and mass-produced liquid crystal is
low molecular-weight nematic or smectic phase one which
has  cylindrical and ellipsoidal  shape. The isotropic shape
and particular structure of liquid crystal molecules gener-
ate some directional properties in viscosity, optical prop-
erties, or dielectric constant. The major axis of each mol-
ecule has tendency to line up in the same direction statis-
tically due to the interaction of each molecules. And it is
known that the surface of partition walls give the influ-
ence on the direction of molecules within some distance
from the walls and that the direction can be controlled by
the applied electric or magnetic field.
   In the application of liquid crystal as a lubricant, the
orientation of molecules may reduce the friction force be-
tween the surfaces, and the magnitude of friction may vary
according to the direction of molecules. With the aid of the

magnitude of friction force and the shear rate, equivalent
viscosity can be evaluated. The viscosity of nematic phase
liquid crystal is known to be anisotropic, and three limiting
viscosities, called Miesowicz viscosities, have been de-
fined for the three typical orientations of liquid crystal
molecules in relation to the shear flow, as shown in Fig. 2.
Miesowicz viscosities generally increase in the order of
η1>η3>η2. When the director of the molecules is controlled
by applied electric field, the viscosity may vary from η1 to
η2.
   The liquid crystal used in the present study is a mixture
of thermotropic liquid crystals of nematic phase, and origi-
nally developed for displays of computers or television
sets. The main component is cyano-phenyl-cyclohex-
anone, whose molecular structure is shown in Fig. 3. As
shown in this figure, benzene nucleus and cyclohexane
are banded together directly as a main part of the mol-
ecule, connected by cyano and alkyl on both sides. The
bending stiffness of the main part of a molecule in me-
chanical sense is said to be large enough to represent rod-
like structure, where we have no tool to evaluate the stiff-
ness at this time. Electric anisotropy is caused by the dif-
ference of electric properties of molecules connected at
each side, and because of this electric anisotropy, molecu-
lar orientation can be controlled by the applied electric
field.

(a) η1

Figure 2  Miesowicz viscosity

(b) η2 (c) η3

Table 1  Characteristics of a specimen
Clearing point 70 °C
Melting point -6 °C
Viscosity (@20°C) 28 mPa·s
Dielectric anisotropy (∆ε) 10.3
ε 15.0
ε

Figure 3  Molecular structure of a specimen

C≡NC5H11

Figure 1  Molecular models of liquid crystal

(a) Nematic (b) Smectic
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   Typical properties of the present liquid crystal are shown
in Table 1. Clearing point means a transition temperature
where turbid liquid becomes isotropic and consequently
optically clear. The temperature where the  solid of liquid
crystal changes into a rather turbid liquid, is called melting
point. Between the temperature range of clearing and melt-
ing point, the mesophase is thermodynamically stable.
When external electric field is applied, the dielectric anisot-
ropy of liquid crystal which is defined as the subtraction
of the dielectric constant parallel to the major  axis from
that perpendicular to the axis, is one of the most important
properties.

RHEOLOGICAL PROPERTIES OF LIQUID CRYSTAL

The typical electroviscosity of test sample measured by
the rotational-type viscometer is shown in Fig. 4. The vis-
cosity began to increase when the electric field strength
reached a value of a few hundred V/mm, followed by a
sudden rise in viscosity with a further increase in the elec-
tric field strength. Finally, the viscosity asymptotically
reached a constant maximum value. Increasing the shear
rate did not affect this pattern in the viscosity-electric field
strength relationship; only a higher electric field strength
was needed to reach a constant viscosity level. The ob-
served pattern can be explained in relation to Miesowicz
viscosity shown in Fig. 2.

EXPERIMENTAL SETUP

One of the simplest shapes of slide bearings may be a step
bearing. It has a step around the middle of bearing pad in
the sliding direction, and the pressure produced in the
lubricant has triangular distribution. The position of peak
pressure coincides the location of the step. The geometry
of step bearing and the pressure distribution are shown in
Fig.5.
   According to the basic theory of lubrication, the load

capacity per unit width of a step bearing is

   2

2

2

2

3 )1(
)1()1(3
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ηη ⋅=⋅
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where η is viscosity of lubricant, U is sliding velocity, B is
length of bearing pad, and h is minimum film thickness. Cp
is called ‘load factor’ and a and k are shape parameters
defined as shown in Fig.5. It is well known that the load
factor reaches a maximum when the shape parameters are
a = 1.87, and k = 0.72 for step bearings[2]. In the present
experiment, k was set to 0.5 in order to eliminate the mo-
ment around the horizontal axis perpendicular to the slid-
ing direction.
   The step height was set to 0.1 mm, because the experi-
ment will be conducted under the condition that the mini-
mum film thickness should be set around 0.1 mm. Though
the minimum film thickness varies due to the experimental
condition, the shape parameter a will be around 2.0. The
width of sliding pad is 20 mm, and the length is also 20 mm.
   The sliding pad was made of insulator, while copper films
as electrode were attached on the surface of the pad up-
ward and downward of the step independently. Applying
some electric voltage to one or both of the copper films,
the liquid crystal as lubricant was subjected to electric
field perpendicular to flow direction. The lubricant was
supplied by dripping just upward of the bearing pad.
   The experimental setup including the bearing pad is
shown schematically in Fig. 6. The step bearing pad was
set on a rotating disk driven by a variable-speed motor.
The bearing pad was supported by two leaf springs de-
formable just in horizontal direction, and the bearing pad
including the leaf springs could rotate in vertical direction
around the center of the shaft set at the supporting point
of weighting system. The static load was applied to the

Figure 4  Apparent viscosity as a function of DC field
strength  under various shear rates
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bearing pad by setting a weight at the end of the torque
arm, where a balancing weight was set at the other side of
the arm. For applying fluctuating load to the sliding bear-
ing, a magnetic exciter was installed at the end of the rod
through a load cell. There were four kinds of weights, from
10 to 173 g. The diameter of rotating disk was 260 mm, and
the bearing pad was set at 100 mm apart from the center of
the disk. The lubricant was dripped  20 mm upward of the
pad.
   The film thickness of liquid crystal was measured by
four eddy-current displacement sensors equipped at the
corners of bearing pad. When the disk rotation was stopped
and the bearing pad was slightly pressed against the disk,
the film thickness (i.e. the distance between the surface of
the disk and the bearing pad) was set to zero. The friction
force acting between the disk and the bearing pad was
measured from the strain on the leaf springs. All the data
from the sensors were put into a personal computer through
an A/D converter and proceeded by a conventional PID
control algorithm.

RESULTS AND DISCUSSIONS

Typical properties under constant electric field
Before evaluating the properties of the bearing with liquid
crystal as lubricant under some control system, the typical
properties have been investigated under electric field. The
film thickness and friction force were measured under con-
stant electric field, and the applied voltage was changed
stepwise from zero to 1,500 V, at the interval of 50 V. The
rotating speed of disk was set to constant, and the tem-
perature of lubricant was estimated to be constant at room
temperature.
   The film thickness variation under electric field is shown
in Fig.7, under various applied constant load to the bear-
ing pad. Under the applied voltage from zero to 0.4 kV, the
film thickness decreased to some extent, followed by in-
crease of the thickness with higher voltage. After the film
thickness took the maximum under electric voltage of
around 1.2 kV, it decreased as the applied voltage increased.
This result was observed regardless of the magnitude of
applied load.
   The experimental results shown in Fig. 7 may be caused
by mainly the force balance between Coulomb force and
pressure variation due to viscosity increase. When the

applied voltage is low, under 0.4 kV, the viscosity incre-
ment in electroviscosity effect is small as indicated in Fig.
4, compared with the increase of Coulomb force between
the surfaces. Because Coulomb force acts as attraction
force between the surfaces, the film thickness may be de-
creased. Further increase of applied voltage causes re-
versed relation between two forces, and the film thickness
is increased due to viscosity increment. Beyond the ap-
plied voltage of 1.2 kV, the electroviscosity effect is de-
creased comparatively again, and the film thickness may
be decreased. When the applied load to the bearing pad is
increased, the film thickness curve shifted to downward
almost in parallel. It is shown experimentally that the film
thickness can be varied by the applied electric voltage to
liquid crystal as lubricant.
   The friction force variation under electric field is shown
in Fig.8. The friction force was increased gradually as the
electric voltage was increased. Further increase of electric
voltage caused sudden rise of friction force, and ap-
proached to a maximal. The typical properties shown in
Fig. 8 agree well with the results of viscosity variation as

Figure 6  Experimental setup

Figure 7  Oil film thickness as a function of
applied voltage
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Figure 8  Friction force as a function of applied voltage
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shown in Fig. 4 qualitatively. When the applied electric
voltage wa high, the friction force decreased to some ex-
tent especially under large applied load, the cause of which
is not revealed in this experiment.
   Two identical electrodes are attached separately to the
surface of step bearing, and the location effects of applied
voltage to the film thickness were investigated. Three
cases, voltage was applied to just inlet-side, just outlet-
side, and both electrodes, were examined. When voltage
was applied to both electrodes, the film thickness was in-
creased largest of the three cases. In the case when just
inlet-side electrode was effective, the film thickness was
also increased, but the effect was less than that in the
previous case. In the following experiment, the electric
voltage was applied to just inlet-side electrode.
Film thickness control experiment
Control experiment was conducted to keep the film thick-
ness to the appointed value regardless of the applied load
variation. A controller should be constructed in addition
to the experimental system shown in Fig. 6. A conven-
tional PID controller was introduced because it is consid-
ered as one of the most reliable controller for linear sys-
tems. The required applied voltage was calculated by PID
algorithm, based on all the signals from displacement sen-
sors on the bearing pad and strain gauges on the leaf
springs put into the personal computer through an A/D
converter. The voltage signal was generated through a D/
A converter set on the computer, and amplified for the
signal for the step bearing.
   When the applied load to the bearing pad was changed
stepwise from 1.5 to 3.0 N, the time response of film thick-
ness variation under constant disk rotating speed is shown
in Fig. 9. The appointed film thickness was set to 0.1 mm.
The result under constant voltage was also shown for
comparison. As shown in Fig.9, the film thickness was
controlled successfully, converged to the appointed value
in 0.2 s after the sudden change of applied load.
   A sinusoidal load was applied to the bearing pad by the
magnetic exciter, and the results are shown in Fig.10. The
frequency was set to 5.0 Hz. Before the controller started,
the bearing pad was supported by the pressure produced
in the lubricant and the film thickness fluctuated accord-
ing to the applied load. The average film thickness was
around 0.05 mm. After the controller started at 5.0 s, the
film thickness was successfully controlled to 0.08 mm, which
was set to the controller in advance. At the same time, the
control voltage from the controller started to fluctuate syn-
chronized to the frequency of the applied load. The upper
limit of output from the amplifier was 1.0 kV, so the control
voltage was also limited to the same value, as shown in
Fig. 10.
   The results by a sinusoidal load swept from 1.0 to 25.0
Hz  are shown in Fig.11. While the film thickness fluctu-
ated synchronized to the applied load around 0.04 mm with-
out any control signal, the film thickness was well con-
trolled around 0.08 mm with control signal. Under 5.0 Hz,
the film thickness variation was limited up to 0.005 mm.
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Figure 9  Oil film thickness with and without control
under step load on the bearing

Figure 10  Oil film thickness with and without control
under sinusoidal load on the bearing

The variation amplitude was well controlled up to 15 Hz by
this control system compared with the results without the
control signal. This may be caused by the output limit
from the amplifier, and time history of the control signal
had already reached to this limit around 10 Hz, as shown in
Fig.11.

CONCLUSIONS

In the present paper, the control experiments of lubricating
film thickness was conducted, in which liquid crystal was
introduced as lubricant and electric field was applied to
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liquid crystal in order to control the viscosity of lubricant.
Liquid crystal has a great advantage in applying to lubri-
cating fluid, because the friction force may be decreased
by the molecular orientation expected especially near the
surface of bearings without any field. In addition to that,
the viscosity can be varied by the applied electric field
strength.
   In fact, liquid crystal is generally very expensive, and it
cannot be used as lubricant for general purpose. But it is
shown that the state of lubrication can be controlled by
external signals experimentally in this system, which is
expected as a turning-point in introducing such control
system in fluid lubrication problems.
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Figure 11 Results under sinusoidal applied load
swept from 1 to 25 Hz
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ABSTRACT

  Walk training is good rehabilitation for old people and handicapped people.Then it is considered the effective measure-
ment for decreasing bedridden people and wheelchair users. In walk training, they frequently use walkers, walking sticks,
etc. It is problem that these kinds of support tools are not flexible and mobile because their handicap conditions are
different. New support tools are demanded to be intelligent and personalized.
  We are developing a new walking support machine for old people and handicapped people, because they expect to move
easily by themselves. The machine is equipped with two ER devices which compose a elctrorheological fluid clutch (ER
clutch) and a motor, and able to work with smooth power assistance or safety breaking.
  In this paper, we refer a developing concept in the new walking support system, and explain a mechanism and design of
the ER devices. In addition, we also report some experimental results, because we have examined on characteristics of the
ER devices.
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INTRODUCTION

  In aging society with declining birth rate, the population
of the elderly people with some kind of functional
disorders will be increased. the labor population of helper

will be decreased. Then, we have been studying about
the development of the welfare equipment to assist the
independence of the elderly people. Especially, muscular
depression that becomes a problem with aging causes a
moving decrease in the chance, and causes further
muscular depression. Therefore, the maintenance and



DESIGN CONCEPT
OF WALKING SUPPORT MACHINE

Basic concept
  We had examined walking pattern with existing walking
support machine previous year. Our assumption of sub-
ject users and a basic concept of the power assistance
system are given as follows.

Subject user
     a) Subject user is able to walk by themselves.
     b) The range of the action area is limited in a present

walking assistance machine.
     c) The recovery is expected if undergoing

rehabilitation though the trouble begins to appear
a little in the leg strength.

Walking support concept
      i ) User’s leg strength is bring out to its maximum.

User’s will is perceived on that and the walking
mode changes.

     ii ) The turn able radius is assumed to be zero,
in order to achieve effective small turn.

    iii ) Gradual start, Safe braking.
    iv ) The walking speed is maximum 4[km/h].
     v ) The bump riding past is 50[mm] or less.
    vi ) The gradability is about 10[deg].
   vii ) Weight is about 15[kg].
   viii) Redundancy of safety device.

  These settings will be introduced, however, the setting
will be changed according to user’s moving ability and
life environments.

Assist method by walking support machine
 When the set concept was achieved, the examination
subjects was decided as follows as a content of the control.

   1) In order to detect the object’s posture and
        orientation of the movement, strain gauge is installed.
   2) Confirmation of practicality and safety of ER clutch.
   3) Detecting obstacles.
   4) The mechanical brake besides the control brake is
        installed.

 These items are choose, by the experiment aiming at
commercialization in consideration of domination and the
cost side.

Power transmission part(ER clutch)
 The ER fluid has the characteristic that the viscosity is
changed by the impressed voltage, and is excellent in
conformity. Moreover, power more than the surrender
stress is not transmitted. Therefore, the ER clutch that
uses this characteristic can be expected a gradual start
depending on the impressed voltage, compared with the
the motor directly connected type. Even if there is
abnormal control occurred, fear to reckless driving is
alleviated while maximum transmission power is limited
by the characteristic of ER of the clutch.
 Then, main topic of this research is to develop the control
method to realize smooth power support and a safe braking

  Fig.1: walking
   assistance equipment

be decreased.
  As for the equipment con-
cerning the walking assistance,
it is commercialized over many
kinds, and the number of users
is also increasing now. However,
the use of these commodities in
the place where there are walking
obstacles of  bump etc. is the
large burden. The range of the
action is inevitably limited.
Therefore, they are used  only as
assistive device for people who
can walk independently.
  We have been developping an intelligent walking support
machine that can correspond to the walking situation of
the road and user’s trouble level as a movement support
tool intended for handicapped persons and the preliminary
group. To do the power assistance and the brake control
for driving part of this walking support machine, the torque
transmission device composed of the DC servo motor and
the clutch with the ER fluid is used. In this paper, we
mention about the construction of experimental prototype
and the evaluational result of power transmission part,
where ER device is used.

recovery of the muscular power at the early stage are
important  preventive plans and handicapped persons will



OUTLINE OF WALKING SUPPORT MACHINE

About the examination prototype
  The prototype was developed in order to evaluate the
performance and for further discussion(Fig.2). Both self-
propelled and the joystick operation by driving program
are developed.

Motor
  DC brushless motor  (EC-40), the servo amp and the
encoder, which are made by the maxon company are used.
A basic characteristic concerning the motor is shown in
Table.1. The diameter of the tire is 200[mm]. It follows
that the output torque at the condition 4 [km/h]
(106[r.p.m]) in actual use becomes 30[Nm]. The motor
torque was calculated with 5[Nm] by the design value
until the previous year. These conditions fulfill the
requirement of planning.Fig.2: Prototype

and the speed is controlled by changing the impressed
voltage of the ER clutch. Moreover, encoder information
installed in the motor and the tire is send back to the
personal computer through the control board. By the way,
sensors other than the encoder are not installed, but other
sensors will be added if it’s necessary while advancing
the experiment in the future.

Fig.3: The system configuration

  The system configuration
is as shown in Fig.3. The
input signal of driving
program or the joystick is
sent to the control board by
the personal computer.
Distance of the movement
is sent from the control
board to the motor through
the servo amplifier. The
motor and the ER clutch are
connected with the belt, Table.1: Motor characteristic

ER clutch
  The ER clutch is made by ER Tech Ltd..(Fig.5).
The disk type clutch (Fig.6) is used for the system. Two
kinds of fluid (the dispersed ER fluid and the homo-
geneous ER fluid) are prepared and comparative study
are made.

Fig.5: ER clutch Fig.6: section of clutch

Control board
  Open motion controller ‘SPX-8000’ (Fig.4) made by the
techno company Ltd.. is used. This control board can
possesses the control of nine axis, and can send and receive

Fig.4: SPX-8000

the  data respectively.
  Two axis for the motor
control and the ER clutch
control for both right and left
are used (Total 4 axis). And
the current and rotation of the
motor and the rotational speed
of the tire are monitored.

Motor（EC 40)
Rotational speed / Torque 9.9  [r.p.m/mN･m]
Torque constant 19  [mN･m/A]
Rotational speed constant 500  [r.p.m/V]
Gear (GP 42 C)
Reduction ratio 53 ： 1

at the practical use of the ER clutch. Moreover, we will
evaluate about the ER device that can maximize the ER
effect.



UNIT EXPERIMENT OF ER CLUTCH

  In the ER fluid, it is divided roughly into two kinds, the
dispersed ER fluid and the homogeneous ER fluid. Each
of fluid has different behavior when the electric field is
impressed. This time, a basic characteristics of both fluid
were evaluated in order to install them to the ER clutch
for the walking support machine, By the way, it
experimented on the impressed voltage by the
specification of the device by 1.5kV max.

Experimental apparatus
  The construction of the experimental device is shown in
Fig.8. In the actual experiment, the rotational speed and
the torque of each impressed voltage were measured, when
the rotation was added with the clutch output side (tire
side) fixed .

Torque characteristic of ER clutch
  The transmission torque was measured when a constant
voltage was applied to the ER clutch and the motor was
rotated at a constant speed.

  The content of the examination in the future is to change
the voltage of the ER clutch, and to measure actual
traction. Moreover, this prototype has the problem such
as being not able to get over the bump immediately before
the bump. The corrective strategy is examined about other
problems including this thing.

  As it is well known, the fluid of homogeneous ER fluid
obtained the result that the transmission of Torque is higher
than the other. However, the decrease in the ER effect by
the rise of tempetature was observed in the fluid of ho-
mogeneous ER fluid. Then, change of each ER fluid‘s
characteristics through time was confirmed. The impressed
voltage to ER fluid is set to 1.0[kV], the rotational speed
of the motor is given as a step input for 10[sec] at each
iteration, and this sequence was done for three times. In-
put rotational speed is changed from 10 to 100[r.p.m],
and this sequence was repeated. The experimental result
is shown in Fig.10.

(b):  Homogeneous ER fluid
Fig.9: Rotational speed - Torque

(a): Dispersed ER fluid
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Self-propelled examination
  The figure shown below is an example of the data
obtained by the prototype. The example is the
reciprocation to make the tire by one rotation with motor
rotational speed of 28[r.p.m].

Fig.7: Eaxmple of the data

Fig.8: Experimental device
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the brake type. Moreover, the structure is divided into the
disk type and the cylinder type. The redesign and the fur-
ther examination are planed for the sub-optimal combi-
nation of the elements for practical use.

(b):  Homogeneous ER fluid
Fig.11: PWM drive Torque

(a): Dispersed ER fluid

PWM drive experiment
  Generally, it is assumed that the ER fluid has a long life
if it is driven in PWM method. We will evaluate the ER
effect when ER fluid is driven in PWM method and Duty
ratio is changed. A impressed voltage with Duty ratio was
set to 0.6, 0.8, and 1.0kV.
  As a result, the increase of the transmission power in the
dispersed ER fluid was observed when Duty ratio is
decreaced. But it is decreases in the homogeneous fluid.
However, it is necessary to reconfirm in different operat-
ing condition, because if  the homogeneous fluid is con-
tinuously driven, the ER effect is reduced.

About the design of the ER clutch
  Existing device is evaluated in this paper. And, prob-
lems such as the insulating and torque shortage were found.
The ER equipment is divided roughly into the clutch and
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(b):  Homogeneous ER fluid
Fig.10: Change of ER fluid‘s characteristics

(a): Dispersed ER fluid

  As a result of the experiment, stable torque was observed
in a dispersed ER fluid. However, a decreasement of the
ER effect was confirmed in the homogeneous ER fluid
until the seventh times. About 30 minites had passed, ER
effect becomes stable.

SUMMARY

  We had developed the experimental prototype. And the
characteristic of Dispersed ER fluid and Homegeneous
ER fluid, which is used for the transmission device, was
evaluated. The control that can draw out the ER effect in
the maximum method is examined. To that end, it is
necessary to get experimental data in various conditions,
and to confirm the characteristic. Moreover, a suitable
device for this equipment is designed in the present stage,
and we would like to have the chance of the report again.
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ABSTRACT 
 

The transient response of induced shear stress and the related flow behavior of two types of the ER fluids containing 
particles have been investigated when they have been under the simultaneous stimulus of an constant DC or AC electric 
field and shear using a parallel rotary disk rheometer. For only one type of the ER fluid containing sulfonated polymer 
particles, as the electric field strength increases, the particles in the ER fluid form lamellar formations in the direction of 
shear, which may be responsible for the ER activity more than the strength of the chains. And, as the gap of parallel 
disks decreases down to about 0.1 mm, the particles gather around the outer edge of the disk to form a thick ring of the 
aggregation of the particles, which may be responsible for the increase of the shear stress. In this way, it would be 
expressed that the shear stress should change consistently with the morphology of the formations. In this work, the 
effects of shearing time, electric field strength, DC or AC, gap height between disk electrodes and types of ER fluid on 
the shear stress and the flow morphology are investigated.  
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NOMENCLATURE 
 

Ｅ  : Applied electric field strength of a parallel rotary 
disk rheometer (=V/h). In the case of AC electric 
field, E represents the amplitude of an applied 
AC electric field strength.  

h   : The gap height between two disk electrodes of 
the rotary rheometer. 

γ&   :  The shear rate of the ER fluid flow defined at 
the outer edge of the disk.  

τ   :  Induced shear stress 
t   :  Shearing time 

INTRODUCTION 
 

 Electrorheological (ER) fluids consisting of 
micron-sized polarizable particles dispersed in a 
dielectric liquid exhibit intriguing properties of yielding 
solids under the application of an electric field, which 
are associated with the alignment of the particles into a 
fibrous structure in the direction of the field due to 
electrostatic forces. The ER suspensions behave like a 
Bingham fluid having yield stress, which can be rapidly 
changed in reversible manner by applied electric fields 
[1]. So, ER fluids are known as a class of intelligent 
materials. These intelligent properties are anticipated 



 

 

some applications of industrial devices such as dampers, 
valves, clutches, brakes, and so on. One of the problems 
presented by these fluids is hysteresis in flow-curves 
[2,3], which makes the precise control of the ER 
mechanical devices very difficult.  
 In this study, the transient response of induced 

shear stress and the related flow behavior of two types 
of the ER fluids containing particles have been 
investigated experimentally when they have been under 
the simultaneous stimulus of an constant DC or AC 
electric field and shear using a parallel rotary disk 
rheometer. The effects of shearing time, electric field 
strength, DC or AC, gap height between disk electrodes 
and types of ER fluid on the shear stress and the pattern 
formulation of the particles are investigated. This study 
is very important for the practical use of ER fluids in 
clutches and brakes. 
  

EXPERIMENTAL APPARATUS AND 
MEASUREMENT SYSTEM 

 
Two types of ER fluids were studied. One of them 

(TX-ER6 [4], 20 Vol%) is composed of numerously 
sulfonated polymer particles of average diameter of 5 
µm suspended into silicone oil. Another one (FKER-V5, 
35 Vol%) is composed of the composite type of organic 
and inorganic particles (average diameter 15 µm) 
dispersed into silicone oil.   

As shown in Fig.1, the electrorheological properties 
of these fluids are evaluated by means of a rotary 
parallel disk rheometer (HAKKE, RheoStress RS150), 
in which an upper disk of 20 mm diameter rotates and a 
lower disk is fixed. A transparent glass disk electrode 
coated with ITO film of 38mm diameter replaces the 
lower disk, in order to enable to visualize the flow 
behavior from a bottom side. The gap between two 
parallel disks is set 0.1，0.2，0.3，0.4，0.5 and 0.7mm. 
An electric field is applied between two disk electrodes 
through a high voltage amplifier. 

In the experiments, the shear rate γ&  defined at the 
outer edge of the disk is set a constant value of 100 s-1, 
and the transient response of the induced shear stress 
and the pattern formulation of the particles are measured 
as a function of the gap height h and the DC and AC 
electric field strengths E. 
 

TRANSIENT RESPONSE OF SHEAR STRESS 
AND FLOW PATTERNS 
 

(a) TX-ER6 ER Fluid under DC Electric Field 
Figure 2 shows the transient responses of the shear 

stress τ measured for the case of TX-ER6 ER fluid 
under the simultaneous stimulus of DC electric field and 
shear（h=0.2 mm, γ& =100 s-1）.   The shear stress  is  

 
 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.1 Experimental apparatus and measurement system 
using a rotary parallel disk rheometer 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.2 Time history of induced shear stress after 
simultaneous stimulus of constant shear and DC electric 
field (TX-ER6, h=0.2 mm, γ& =100 s-1) 
 
suddenly increased just after the experiment is started 
and then is gradually increasing to approach a certain 
maximum value for every applied electric field 
strengths E. As the electric field strength is increased, 
this trend becomes remarkable and the maximum shear 
stress is increased due to the strengthened binding force 
acting between particles in the ER fluid. The maximum 
shear stress is increased in proportion to the square of 
the electric field strength.  

As seen in Fig. 3 where the dark rings are composed 
of particles, the time variation of the shear stress can be 
explained by the evolution of the flow patterns with 
time. In the presence of an electric field, the particles 
align into a fibrous structure in the direction of the field 
due to electrostatic forces. When the ER fluid is sheared 
at a constant shear rate, at first the particles are 
uniformly dispersed between the disks,  and  then the  
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(a) t = 4 sec       (b) t = 30 sec    (c) t = 180 sec 

Fig. 3 Structure evolution of ER fluid shear flow with 
time (E=2.0 kV/mm, h=0.2 mm, γ& =100 s-1, DC) 
  
 
 
 
 
 
 
(a)E=0.5 kV/mm  (b)E=1.0 kV/mm  (c)E=2.0 kV/mm 
Fig.4 Changes of ER fluid shear flow patterns with 
electric field strength (t=150 sec, h=0.2 mm, DC) 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.5 Changes of shear stress with electrode gap in 
terms of applied electric field strength (t=100 sec, DC) 
 
 
 
 
 
 

(a)h=0.1 mm     (b)h=0.2 mm     (c)h=0.5 mm 
Fig.6 Changes of ER fluid shear flow patterns with 
electrode gap (E=2.0 kV/mm, t=100 sec, DC) 
 
particles are moved to the outer edge of the rotating disk, 
resulting in the lamellae formation having many thin 
rings inside the disk and a thick dark ring around the 
perimeter of the disk. The thickness of the dark ring is 
increased with time, indicating the particle gathering to 
the perimeter of the disk. As the results, the torque 
acting on the disk is increased and the induced shear 
stress is also increased. Thus, the morphology of the 
particle formations is closely related to the induced 
shear stress. 

Figure 4 shows the effect of the electric field strength 
on the flow pattern of the ER fluid. As the electric field 

strength is increased, the thick dark ring around the 
perimeter of the disk becomes thicker.  

Figure 5 shows the effects of gap of the electrodes on 
the shear stress (t=100sec). For the relatively narrow 
gap h of 0.3mm or less, the induced shear stress is a 
little larger than for the gap of 0.4 mm or more. In the 
case of the gap of 0.4 mm or more, the shear stress takes 
an almost constant value determined by the applied 
electric field strength E, independent of the gap. The 
effects of the gap h on the flow pattern are shown in Fig. 
6. For the relatively large gap h of 0.5mm, the dark ring 
of the particles on the perimeter of the disk is not 
observed obviously and the lamellar rings of the 
particles are formed. The thick dark ring of the particles, 
which would cause the increase of the shear stress, is 
obviously observed in the case of relatively narrow gaps 
of 0.1 and 0.2 mm. 
 
(b) TX-ER6 ER Fluid under AC Electric Field 

Figure 7 shows the transient response of the induced 
shear stress τ measured for the case of TX-ER6 ER fluid 
in the presence of AC 10 Hz electric field (h=0.2 
mm, γ& =100 s-1). The shear stress increases with 
increasing the electric field strength E due to the 
strengthened binding force acting between particles in 
the ER fluid, as well as the case of DC electric field. But 
the induced shear stress has  an  intense  fluctuating  

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.7 Time history of induced shear stress after 
simultaneous stimulus of constant shear and AC 10 Hz 
electric field (h=0.2 mm, γ& =100 s-1) 

 
 
 
 
 
 
 
(a) t = 3 sec      (b) t = 25 sec     (c) t = 200 sec 

Fig. 8 Structure evolution of ER fluid shear flow with 
time (E=2.0 kV/mm, h=0.2 mm, γ& =100 s-1, AC10Hz) 
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component. The formation and destructions of fibrous 
structures of the particles might be caused alternately 
because of the applied AC electric field. The induced 
shear stress is smaller than that for the DC electric field 
case.  

Figure 8 shows the transient response of the flow 
pattern of the ER fluid between the electrodes (AC 
10Hz , E=2.0 kV/mm). As seen in Fig.8(a), (b), many 
thin rings inside the disk and a thick dark ring on the 
perimeter of the disk are observed at relatively early 
time, as well as the DC electric field case. The thick 
dark ring spreads inside with time, and finally a stable 
flow pattern is formed, consisting of one uniform 
circular structure of the particles inside the disk and a 
thin transparent ring of silicone oil on the perimeter of 
the disk, as observed in Fig.8(c).  
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 

Fig.9 Time history of shear stress after simultaneous 
stimulus of constant shear and AC 50 Hz electric field  
(h=0.2 mm, γ& =100 s-1) 
 

 
 
 
 
 
 
 
(a) t = 3 sec     (b) t = 25 sec     (c) t = 200 sec 

Fig. 10 Structure evolution of ER fluid shear flow with 
time (E=2.0 kV/mm, h=0.2 mm, γ& =100 s-1, AC50Hz) 

 
 
 
 

 
  

 
 

(a)E=0.5 kV/mm  (b)E=1.0 kV/mm  (c)E=2.0 kV/mm 
Fig. 11 Changes of ER fluid shear flow patterns with 
electric field strength (t=300 sec, h=0.2 mm, AC50Hz) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.12 Changes of shear stress with electrode gap in 
terms of applied electric field strength (t=400 sec, AC 
50Hz) 

 
 
 
 
 
 
 
(a)h=0.1 mm    (b)h=0.3 mm     (c)h=0.5 mm 

Fig.13 Changes of ER fluid shear flow patterns with 
electrode gap (E=2.0 kV/mm, t=400 sec, AC50Hz) 

 
The transient responses of the induced shear stress 

τ measured in the presence of AC 50 Hz electric field 
（h=0.2 mm, γ& =100 s-1） are shown in Fig. 9. As the 
electric field strength increases, the shear stress 
increases in the same way as the DC electric field case. 
At relatively high electric field, the shear stress 
gradually increases with time and then settles at a 
constant value after a sufficiently long time. In this case, 
the intense fluctuations of the shear stress under AC 
10Hz electric field are not observed because the 
formations and destructions of the fibrous structures of 
the particles might be caused alternately according to 
the AC frequency. The levels of the shear stress are 
greater than that for AC 10 Hz electric field case, and 
are almost the same levels as for the DC electric field 
case. The flow pattern evolution of ER fluid shear flow 
with time under AC 50Hz electric field strength is 
almost the same as the AC 10Hz electric field case, as 
seen in Fig.10. Figure 11 shows the effect of the electric 
field strength on the flow pattern of the ER fluid. The 
thick dark ring of the particles on the perimeter of the 
disk spreads inside to become thicker as the electric 
field strength increases, and at E=2.0 kV/mm the 
uniform circular structure of the particles is formed. So, 
it can be concluded that the dark ring on the perimeter 
of the disk spreads inside the disk to form the uniform 
circular structure in an earlier stage of shear as the 
electric field strength increases. 



 

 

Figure 12 shows the effects of gap of the electrodes 
on the shear stress (t=400sec) for the case of AC 50 Hz 
electric field. It is obviously accepted that the induced 
shear stress do not significantly depend on the gap 
height, but for E=2.0 kV/mm the shear stress clearly 
increases at the relatively narrow gap of h=0.1 mm. It is 
found from Fig.13 that this increase of shear stress at 
h=0.1 mm might be due to the uniform circular structure 
of the particles spreading all over the disk, while at 
h=0.3mm and 0.5 mm the thin transparent ring of 
silicone oil appears on the perimeter of the disk as 
observed in Fig.13 (b), (c). 

 
(c) FKER-V5 ER Fluid under DC Electric Field 

Figure 14 shows the transient responses of the shear 
stress τ  of the FKER-V5 ER fluid under DC electric 
field（h=0.2 mm, γ& =100 s-1） . The shear stress is 
suddenly increased just after the experiment is started 
and then maintains an almost constant value determined 
by the applied electric field strength, unlike the TX-ER6 
ER fluid. That is, the shear stress of the FKER-V5 ER 
fluid under DC electric field does not exhibit any 
significant variation with time to keep a constant value.  
And unlike TX-ER6 ER fluid, the shear stress increases 
nearly in proportion to the electric field strengths 
ranging from 1.0 to 4.0 kV/mm, and is almost half as 
large as for TX-ER6 ER fluid. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.14 Time history of induced shear stress after 
simultaneous stimulus of constant shear and DC electric 
field  (FKER-V5, h=0.2 mm, γ& =100 s-1） 
 
 
 
 
 
 
 

(a) t= 4 sec       (b) t= 30 sec      (c) t= 180 sec 
Fig.15 Structure evolution of ER fluid shear flow with 
time (E=4.0 kV/mm, h=0.2 mm, γ& =100 s-1,DC) 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

   (a) TX-ER6            (b) FKER-V5 
Fig. 16 Side-view of particles formation between two 
plane electrodes under electric field (h=2.0 mm, E=1.0 
kV/mm), and schematic image of particles formation 
between two rotating disks 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Fig.17 Changes of shear stress with electrode gap in 
terms of applied electric field strength (t=100 sec, DC) 
 

As observed in Fig.15, the thick dark ring and the 
lamellar many rings of the particles, which appear in the 
case of TX-ER6 ER fluid, have never been observed. As 
shown in Fig. 16(b), in the case of FKER-V5, almost all 
particles could be observed to adhere to the GND 
electrode due to the electric charging of the particles  
under the DC electric field by the side-view 
visualization of particles behavior between two 
electrodes. Because of this, the particles are difficult to 
move easily to form the lamellar rings. While in the case 
of TX-ER6 ER fluid, because the chains of particles 
adhere to either of the electrodes as shown in Fig.16 (a), 
the particles might be easily moved to form the lamellar 
formations in the direction of shear. 

The effects of the gap height h on the shear stress at 
t=100sec are shown in Figure 17. It can be concluded 
that the induced shear stress of the FKER-V5 ER fluid 
does not depend on the gap height h. 
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(d) FKER-V5 ER Fluid under AC Electric Field  
Figure 18 shows the transient response of the shear 

stress τ  measured for the case of FKER-V5 ER fluid 
under the simultaneous stimulus of AC 50 Hz electric 
field and shear（ h=0.2 mm, E=1.0, 2.0, 3.0, 4.0 
kV/mm, γ& =100 s-1） . The shear stress is suddenly 
increased just after the experiment is started and then is 
gradually increased to approach a certain maximum 
value, unlike the DC electric field. As the electric field 
strength increases, the shear stress also increases in the 
same manner as the DC electric field case. Figure 19 
shows the flow pattern evolution of the ER fluid shear 
flow between the electrodes (E=4.0 kV/mm). Unlike the 
DC electric field case of Fig.15, very fine lamellar rings 
are formed all over the disk, but this flow pattern does 
not significantly change with time. When applied AC 
electric field, the polarity of the upper disk electrode 
changes alternately to be positive and negative as the 
lower electrode is grounded, so that the electric charged 
particles may easily move to upper or lower electrode 
according to the polarity of the upper electrode due to 
electrostatic forces, resulting in the formation of the 
very fine lamellar rings of the particles.  

      

 
Fig.18 Time history of induced shear stress after 
simultaneous stimulus of constant shear and AC 50 Hz 
electric field  (FKER-V5, h=0.2 mm, γ& =100 s-1) 
 
 
 
 
 
 
 
 

 
(a) t = 3 sec      (b) t = 25 sec     (c) t = 200 sec 

Fig. 19 Structure evolution of ER fluid shear flow with 
time (E=2.0 kV/mm, h=0.2 mm, γ& =100 s-1 , AC50Hz) 
 
 
 

CONCLUDING REMERKS  
  

We have experimentally studied the transient 
response of induced shear stress and the related dynamic 
flow behavior of two types of the ER fluids containing 
particles under the simultaneous stimulus of the 
constant DC or AC electric field and shear using a 
parallel rotary disk rheometer.  

The ER fluid (TX-ER6) of numerously sulfonated 
polymer particles shows the remarkable time variations 
of the induced shear stress which increases gradually to 
saturate with time at relatively high electric field 
strength. It can be explained that the increase of the 
shear stress with time is due to the flow structure 
evolution to the lamellar formation of the particles in 
the direction of shear and the dense thick ring formation 
on the perimeter of the disk. Especially, as the electrode 
gap h decreases less than about 0.3 mm and the electric 
field strength E increases, the formation of the outer 
thick ring becomes remarkable and the thickness is 
increased with time, resulting in the increase of the 
shear stress. In the AC electric field of low frequency 10 
Hz, the induced shear stress has an intense fluctuating 
component and shows a smaller value.  
 In the case of the ER fluid (FKER-V5) of organic and 
inorganic composite particles, we can not observed a big 
change in the flow structure because all of the dispersed 
particles adhere to one of the electrodes under DC 
electric field, so that the shear stress doesn’t change 
with time and takes a stable value determined by the 
applied electric field strength. However, the induced 
shear stress is relatively low, about half of that for 
TX-ER6. While under AC electric field, the shear stress 
increases gradually with time in spite of almost no 
change of the flow structure. 
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ABSTRACT 
 

In the paper, the Electrorheological fluid(ERF) is embedded in the pneumatic vibration isolator and three kinds of 
control systems are designed, which experimental results are also compared. The first kind of the control system is the 
semi-active control system, which is designed for ERF controllable damper. The second kind of the control system is 
the active control system, which is designed for the air servo position control of the platform of the pneumatic vibration 
isolator. The third kind of vibration isolator control systems is the combination of the active air servo control system 
and the ERF controllable damper. The experimental results are shown and compared to those of the passive pneumatic 
vibration isolators, the transmissibility of a vibration source to the isolation platform can be reduced by the first control 
system. Using the second kind of the control system, the transmissibility of the system is less than that of the first kind 
of the control system. Using the third control system, the transmissibility becomes the least of these control systems. 
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NOMENCLATURE 
 

d   Gap thickness 
0υ   Piston velocity 
dA   Cross-sectional are of annulus 
pA   Piston area of the isolator 
peA   Piston head area of ERF damper 
rC   flow restriction constant 
mC   Equivalent viscous damping 

bt VV ,  Volume of the top and bottom chamber 
bt PP ,  Pressure of the top and bottom chamber 

L  Length of inner electrode 
n  Polytropic exponent 
µ   Viscosity of ER fluid 

 
1. INTRODUCTION 

 
Vibration isolation systems are essential in ensuring a 
higher productivity, an improvement in quality, and an 
enhanced safety. Vibration isolators are commonly 
applied during the performance of optical experiments, 
during semiconductor manufacturing, and in high 
precision measurement instrumentation. Vibrations are 
generated by a wide variety of sources, including passing 
traffic, elevators, human activity, and nearby motorized 
equipment. Hence, vibration isolators are designed to 
isolate delicate equipment from environmental vibrations.           
Vibration isolation systems can be categorized as either 
active or passive, depending on whether or not external 
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power is required. Passive vibration isolation systems 
provide a simple yet reliable means of protecting a 
mechanical system from a vibration environment. 
However, these elements have inherent performance 
limitations which cannot be overcome. By contrast, 
vibration isolation systems comprised of the actuators can 
provide a significantly enhanced vibration isolation 
performance [1]. For achieving the reduction of the 
transmissibility, the active system is added to the 
pneumatic vibration isolator. Fowler [2] added an active 
damping system in parallel with the pneumatic isolation. 
Eric [3] developed a product that incorporates 
piezoelectric actuators to minimize to motion of the 
payload. 
The ER fluid is a substance, which changes its rheological 
characteristics according to the strength of the applied 
electric field. This fluid has been widely applied in a 
variety of mechanical engineering applications, including 
vehicle suspensions, rotation machinery, railway vehicles, 
hydraulic systems, and damping-controlled dampers 
[4]-[7]. Conventionally, the term “ER fluid” refers to the 
particle-type ER fluids which exhibit Bingham 
characteristics [8]. Jin and Zhang [9] presented a 
friction-type ER damper, and applied it to dissipate the 
vibratory energy of robots. Kenaley and Cutkosky [10] 
employed ER fluid to control the stiffness of a robotic 
finger. In addition to particle-type ER fluids, 
macromolecular liquid crystals have been used to develop 
a homogeneous-type ER fluid which exhibits Newtonian 
fluid characteristics. Takesue [11] et al. utilized this 
particular form of ER fluid in a viscous damping 
arrangement for the precise positioning control of robot 
arms. The results of their study confirmed the 
effectiveness of this arrangement in improving both the 
precision of the positioning and the stability of the arm. 
In the study, a pneumatic vibration isolator which is 
embedded the ER damper is designed and controlled. A 
semi-active control system, an active control system, and 
a hybrid control system are designed for the pneumatic 
vibration isolator embedded with ERF damper. The first 
control system is designed for the damping controllable 
damper. The second control system is designed for the air 
servo control of the pneumatic vibration isolator. The 
third control system is the air servo control and the ER 
damper control.  
The remainder of this paper is organized as follows. 
Section 2 introduces the design of the pneumatic vibration 
isolator embedded with the ERF Damper. Section 3 
presents the layout of the current experimental system, 
while Section 4 develops the design of the controllers and 
presents the experimental results. Finally, Section 5 
presents conclusions. 
 
2. DESIGN OF PNEUMATIC VIBRATION 

ISOLATOR EMBEDDED WITH ERF DAMPER 
 

The scheme of the pneumatic vibration isolator embedded 
with the ERF damper is usually shown in figure 1. It has 
two chambers and flow restrictors between the top 
chamber and bottom chamber. The ERF damper is located 
between the platform and the top chamber. 
 

ERF

Load

+
Ap

PbVb

Vt Pttbm

xbase

xp

L

(a) (b)  
 

Figure 1 Scheme of the designed isolator 
 

An Electrorheological fluid is a substance, which can 
change its rheological characteristics according to the 
strength of an applied electric field. The ER fluids are 
classified as particle-type ER fluids and homogeneous ER 
fluids. ER fluids of particle-type are colloidal fluids 
comprising solvents with dispersed particles. In the 
absence of an electric field, the ER fluid exhibits 
Newtonian fluid characteristics. However, when an 
electric field is applied, the fluid demonstrates the 
characteristics of a Bingham fluid. The other is 
homogeneous ER fluids developed by using low-molecule 
liquid crystals or macromolecular liquid crystals. For 
homogeneous ER fluids, the shear stress is basically 
proportional to the shear rate, and that its slope, i.e. its 
viscosity, is governed by the strength of the applied 
electric field. The ER fluid used in this study is a liquid 
crystalline polymer, a sort of homogeneous ER fluids, 
because the fluid has the characteristics of no 
sedimentation and no particle-crushing. The characteristic 
of the fluid is shown in Figure 2. 
 

 
Figure 2 Characteristics of homogeneous ER fluid 
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Three ER vibration control modes exist, namely flow 
mode, shear mode, and squeeze mode. In the study, the 
mixed damper is composed of the flow mode and shear 
mode and shown in figure 1(b). The damper has the inner 
electrode attached to the piston head, and so it moves with 
the piston head. In the damper, rate-dependent damping 
force results from the pressure drop in the electrode gap 
as well as direct shear of the fluid in the gap due to the 
piston head motion. The mixed mode damper is 
considered as the approximate parallel plate analysis. The 
1D axisymmetric analysis is given in [12], and the 
expression for the force is written as : 
 

002

2
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2

1(
12

υυ
µ

m
p

d

d

pe C
A
A

dA

LA
F =+=        (1) 

 
The mathematical models of the pneumatic vibration 
isolator are the same as those of a servo-pneumatic 
cylinder and the nonlinear models of a servo-pneumatic 
cylinder first proposed by Shearer [13]. These models 
include the enthalpy equations for the pneumatic 
chambers, an equation for the flow through the restrictor, 
and a displacement equation for the piston under load. 
The linear model of the pneumatic vibration isolator can 
be derived from the nonlinear model. Harris and Crede 
[14] were the first researchers to propose a linear model 
of the pneumatic vibration isolator. However, DeBra [15] 
has also developed a linear model of the pneumatic 
vibration isolator. 
The mathematical model of the pneumatic vibration 
isolator embedded with the ERF damper comprises 
thermodynamic equations for the upper and lower 
chambers, a displacement equation for the piston under 
load, the air flows through the restrictor between the 
upper and lower chambers and the damping force of the 
ER damper. Air compressibility characteristics cause the 
associated mathematical models to be nonlinear, which 
significantly complicates the system analysis process. 
However, the Taylor series expansion can be used to 
linearize the model. After linearization, the transfer 
function of the pneumatic vibration isolation embedded 
with the ER fluid can be written as: 
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Where 00
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2
0 /,/,/ tbtppnbr VVVmAnPVCnPa === αω  

In equation (2), mC  is the damping coefficient of ERF 
damper and has the influence on the transmissibility of 
the pneumatic vibration isolator embedded with the ERF 
damper. When the ERF damper is not embedded in the 
pneumatic vibration isolator, hence, the damping 

coefficient of ERF damper is zero, and the transfer 
function of the pneumatic vibration isolator can be written 
as: 
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The simulation result of the pneumatic vibration isolator 
embedded with and without the ERF damper is shown in 
figure 3. It is shown that the transmissibility of the system 
could be reduced with the increased electric field near the 
nature frequency. 
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Figure 3 Simulation of the pneumatic vibration isolator 
embedded with the ERF damper at different electric filed 
 

3. LAYOUT OF EXPERIMENTAL EQUIPMENT 
 

Figure 4 shows the experimental arrangement employed 
to measure the transmissibility of the system. The 
pneumatic vibration isolator embedded with the ERF 
damper is located on a flat base connected to a hydraulic 
servo- cylinder, which serves as a small vibration source. 
The chambers of the pneumatic vibration isolator are 
pressurized with air and support a load. Position sensors 
are attached to the load and to the base of the pneumatic 
vibration isolator. The ER power supply generates the 
electric field on the ERF damper and the pneumatic servo 
valve regulates the air flows in/out the upper chamber. For 
the passive system, the displacements of the load and the 
base are measured by the two position sensors, which then 
transmit the displacement signals to the computer. For the 
semi-active control system, the electric field is applied to 
the ERF damper embedded in the pneumatic vibration 
isolator. For the active control system, the computer acts 
as a controller and sends the control signals to the 
pneumatic servo valve to regulate the air flows in/out the 
upper chamber in order to reduce vibration. For the hybrid 
control system, the air servo control and the applied 
electric field act on the isolator. 
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Figure 4 Layout of the experimental equipment 
 
4. CONTROLLER DESIGN AND EXPERIMENTAL 

RESULTS 
 
4-1 Open-loop control of ERF damper 
Figure 5 shows the block diagram of the electric field 
applied to the pneumatic vibration isolator embedded with 
the ERF damper. From equation (1), the damping force of 
the ERF damper increases with the increased applied 
electric field. The experimental results of the pneumatic 
vibration isolator embedded with ERF damper are shown 
in Figure 6. It is observed that the transmissibility near the 
natural frequency decreases as the strength of the applied 
electric field increases, but the transmissibility is not 
improved when the frequencies are lower and higher than 
the nature frequency. So the semi-active control for the 
ERF damper is used to improve the performance. 
 

Hydraulic
Servo Cylinder

Pneumatic Isolator 
with ERF Damper

xcomd xbase xp

ER Power 
Supply

Voltage

 
 
Figure 5 Block diagram of the pneumatic vibration 

isolator with open-loop controlled ERF damper 
 
4-2 Semi-active control 
The block diagram of the semi-active control is shown in 
figure 7. The input command, r, is the reference 
displacement of the load supported by the pneumatic 
vibration isolator, while the output, px , is the current 
displacement of the platform of the pneumatic vibration 
isolator. The vibrations to the pneumatic vibration isolator 
is basex . In this case, the reference displacement is set to 
zero. The error is written as: 
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Figure 6 Transmissibility of different preset electric field 
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The transmissibility is defined as: 
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From equation (5), the switch condition of the electric 
field can be given as: 
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When the transmissibility is smaller than 1 or equal to 
1( 1≤T ), the electric field is not applied to the ER damper. 
When the transmissibility is larger than 1, the electric 
field acts on the ER damper. 
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Figure 7 Block diagram of semi-active control system 
 

4-3 Active Control 
An active vibration isolation system is designed which 

employs an active controller to regulate the operation of a 
pneumatic servo valve. The active control system 
regulates the flow of air into, and out of, the upper 
chamber of the pneumatic vibration isolator such that the 
load is protected from vibration. Figure 8 presents a block 
diagram of the developed active control system. The 
fuzzy control can be described as follows. 
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Figure 8 Block diagram of active control system 
 
The fuzzy controller comprises four basic elements, 
namely a fuzzifier, a fuzzy inference engine, a defuzzifier, 
and a fuzzy rule base [16],[17]. Es and ∆Es represent the 
input signals to the fuzzy logic controller, and u represents 
the output of the fuzzy controller. The input command and 
the plant output are crisp values but non-fuzzy variables, 
and must therefore be fuzzified by the fuzzifier, which 
performs a mapping from the crisp points to the 
corresponding fuzzy set. A fuzzy set is denoted by a 
linguistic term such as “positive error” or “negative error”, 
and is characterized by a membership function. The 
fuzzifier of the fuzzy logic control system is a 
nonsingleton (triangular) fuzzifier. The fuzzy rule base of 
the fuzzy controller comprises a set of IF-THEN rules, 
which are typically expressed in the form of a fuzzy 
conditional statement, i.e. 

Ri: IF Es is Ai AND ∆Es is Bi, THEN u is Ci
 

where Ai, Bi and Ci are fuzzy sets characterized by 
membership functions )( sA Eµ , )( sB E∆µ  and )(uCµ  
respectively.  

If there are n fuzzy sets for each of the variables Es, 
∆Es and u, then the total number of fuzzy rules will be 
given by n2. This fuzzy rule set can be combined into a 
single rule by means of the following 
operator: 221 nRRRR ∪∪∪= . 
To compute the subsequent output u, the present study 
adopts a max-min inference method as the fuzzy inference 
engine, i.e. 
 

)]},,(),(),(max{min[)( uEEEEu ssRsBsAG iii ∆∆= µµµµ  (7) 

Applying the max-min inference technique yields a fuzzy 
output value. Hence, it is necessary to employ a 
defuzzifier to transform this fuzzy quantity into the 
corresponding crisp value. This study adopts the 
center-of-gravity method as the defuzzifier function, i.e. 
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Equation (8) yields a crisp output command from the 
fuzzy logic controller. If the output command is positive, 
air is flowed into the upper chamber of the pneumatic 
vibration isolator. Conversely, if the output command is 
negative, air is discharged from the chamber. 
The present study employs the fuzzy sets ‘zero (ZE)’, 

‘positive big (PB)’, ‘positive small (PS)’, ‘negative big 
(NB)’ and ‘negative small (NS)’. Figure 9 depicts the 
triangular membership functions for each fuzzy set. It is 
observed that these functions are symmetric with respect 
to the vertical axis as a result of the symmetric nature of 
the operating of the servo valves. Table 1 displays the 
fuzzy control decision table adopted in the current study. 
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Figure 9 Membership function      Table 1 Fuzzy rule 
 
4-4 Hybrid control 
The hybrid control system includes the air servo control 
and the damping control of the pneumatic vibration 
isolator embedded in the ER damper. When the 
transmissibility is larger than 1, the electric field is 
applied to the ER damper to reduce the transmissibility, 
and the air servo control controls the flow of air into, and 
out of, the upper chamber to reduce the transmissibility. 
When the transmissibility is smaller than 1, only the air 
servo control acts on the pneumatic vibration isolator 
embedded in the ER damper. The block diagram of the 
hybrid control system is presented in figure 10. 
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Figure 10 Block diagram of hybrid control system 
 
4-5 Experimental results 
The system supply pressure is taken to be 5 bar, while the 
sampling time is specified to be 20ms. Figure 11 shows 
the experimental results of the transmissibility of the 
pneumatic vibration isolation systems. It can be seen that 
compared with the passive system, the transmissibility is 
reduced near its natural frequency by using the 
semi-active control. Using the active control, the 
transmissibility is smaller than 1 at the frequency lower 
than nature frequency. Using the hybrid control system, 
the transmissibility of the vibration source to the payload 
is improved more effectively. 
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Figure 11 Transmissibility of different control systems of 
pneumatic vibration isolator embedded with ERF damper 

 
5. CONCLUSION 

 
This paper has presented the design of pneumatic 
vibration isolator embedded in the ER damper and the 
control systems. The experimental results were carried out 
and came to the following conclusions: 
(1) Compare with the case of passive vibration isolator, 

when using the semi-active control system, the 
transmissibility is improved near the nature frequency. 

(2) Using the active pneumatic control system, the 
transmissibility is smaller than that of the semi-active 
control system, when the frequency is lower than the 
nature frequency. 

(3) Using the hybrid control system, the performance of 
the vibration source to the payload is better than the 
semi-active control system and the active control 
system. 
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ABSTRACT 
 

The Multi-pass filter test is the most common method to evaluate the performance of hydraulic filters. The test is 
conducted at a constant flow rate at constant temperature and very high dirt ingression in order to evaluate filter 
performance at accelerated test condition. This standard test does not represent operating condition of the modern 
hydraulic control systems. In order to precisely represent filter performance in the field in the laboratory, the Cyclic 
Stabilization Test (CST) has been developed. The CST can reliably measure the ability of the filter to control 
contamination in an even lower ingression environment.  It also simulates cyclic flow condition to measure filter 
performance.  In this paper, the CST is proposed as a more effective method for filter performance evaluation method. 
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INTRODUCTION 
 

Solid particulate contamination in hydraulic fluid 
causes component wear, valve sticking, fluid life 
shortage, resulting in shorter component and fluid 
life, lower system reliability, lower efficiency, lower 
stability. Hydraulic filters are designed to control  
hydraulic fluid cleanliness to accomplish reliable 
system operation and longer system lives. 

Modern hydraulic control systems are required to 
be operated with higher pressure, and very 
sophisticated control systems as well as higher 
reliability and higher energy efficiency. These 
systems need cleaner hydraulic fluids. Filters for 
these systems are usually exposed to flow surges, 

repetitive cyclic flow, vibration, and cyclical thermal 
conditions. 

  
IMPORTANCE OF CLEAN FLUID ON  
RELIABILITY AND LONG COMPONENT 
LIVES 
 
A significant part of the DTI research studied the 
effects of solid particulate contamination on working 
systems and also quantified the relationship between 
the fluid cleanliness level and the reliability level 
experienced by those systems.  The relationship 
between cleanliness levels, as represented by the 
ISO 4406 coding system [1], and the mean time 
between failures is presented in Figure 1. 
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Figure 1 clearly shows a direct relationship and 
demonstrates that high levels of reliability and long 
component lives can only be achieved by operating 
with clean hydraulic fluids.  The report stated that, 
generally, very clean hydraulic fluid was achieved 
by the use of ‘fine’ filters (3 or 6 µm) but its 
cleanliness level that the filter achieved was 
dependent on its rating and how it performed in the 
system concerned.  The report cited instances 
where nominally “identical” filters gave 
significantly higher ISO cleanliness levels when the 
duty cycle of the system was more severe.  Hence, 
the need to select filters on a system-to-system basis 
with consideration of a number of factors was 
emphasized. 
 
 

Mean Time Between Failures, Hours 
 
Figure 1 Effect of cleanliness level on the reliability 

of hydraulic systems 
 

CURRENT FILTER TESTING METHOD 
 

The filtration performance characteristics of 
hydraulic filters are determined by the ISO 16889 
Multi-pass test [2]. The Multi-pass filter test is 
conducted at a constant flow rate of contaminant at 
constant temperature. The contaminant is dispersed 
in the reservoir and circulated to challenge the filter. 
Contaminant that isn't removed is returned back to 
the reservoir where it mixes with the incoming 
contaminant and is re-offered for further chances to 
capture. The test circuit is shown in Figure 2. 

 
LIMITATIONS OF MULITI-PASS TEST 

METHOD 
 

Although the Multi-pass test is a much better than 
previous nominal method, there are many 
deficiencies in the test that reflect actual condition.  
•One of the primary defect of the Multi-pass test is 
the steady state condition under which test is 
conducted. 
•Contamination concentrations are 1,000 to 10,000 

times higher than actual in order to evaluate filter 
performance at accelerated test condition. 
• Test element is not exposed to cold startup 
condition or vibration which can be expected in 
actual applications. 
These operating conditions that differ in actual 

service from the controlled laboratory test, tend to 
reduce the performance of the filter element in actual 
service. 

 
 

 
Figure 2 Multi-pass filter test schematic 
 

NEED FOR REALISTIC TESTING 
CONDITIONS 

 
Unfortunately, filter selection and comparisons are 

usually made primarily on the basis of the filtration 
ratio and contaminant holding capacity obtained 
from a single Multi-pass test.  However, there are 
many other parameters vital to maintaining filter 
element integrity and desired performance in actual 
operation.  These include the strength and stability 
of the filtration medium, the dominant mechanism of 
particle captures, and the filter’s ability to withstand 
flow and pressure surges, as well as those conditions 
induced by cold start-ups.  Using Multi-pass 
performance as the sole filter specification is 
inadequate as often weaknesses or deficiencies in 
performance are overlooked or not exposed because 
of limitations in the scope of testing.  Furthermore, 
the effect of dynamic operating conditions on filter 
performance has yet to be addressed by an ISO 
standard. 
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IMPACT OF OPERATING CONDITION ON 
MULTI-PASS PERFORMANCE 

 
Impact of Unsteady Flow 

A survey of hydraulic equipment manufacturers 
revealed that nearly all filter installations are 
subjected to some type of variable (cyclic) flow [3]. 
And many studies also have been conducted relative 
to impact of unsteady flow on filter performance. 
Generally, the results indicate that the filtration  
(Beta) ratio was found to decrease as a function of 
increasing cycle rate [4].  
Impact of Reduced or No Contaminant 
Ingression 

As we mentioned already, the contaminant 
ingression rate during the ISO 16889 Multi-pass test 
are 1,000 to 10,000 times higher than the average 
ingression in actual service. This high ingression rate 
tends to overshadow performance degradation and 
particle unloading. When clean-up tests are 
conducted on a previously contaminated system with 
no ingression, the performance of filter, measured in 
terms of efficiency, generally degrades as the system 
becomes cleaner. In fact, the system contamination 
level stabilized at some measurable level and does 
not go to zero. This is one of the primary flaws in 
the interpretation of the basic Multi-pass test, where 
the filtration ratio is assumed to be roughly constant 
in any ingression rates. In reality, when the system 
contamination level stabilizes, the Beta ratio 
approaches a value of one and the upstream level is 
roughly equal to the downstream level. For a system 
clean-up test with constant flow, the stabilization 
level is related to the quality of the filter and the 
degree of particle unloading [1]. 

 
THE CYCLIC STABILIZATION TEST 

 
In order to address the deficiencies in the 

Multi-pass test, Pall Corporation has developed the 
Cyclic Stabilization Test (CST), which provides a 
more realistic measurement of filter performance. 
This laboratory test examines a number of areas of 
operation: steady state performance, cyclic flow 
performance, and the effects of contaminant loading 
on the retention and unloading characteristics of the 
filter. 

The test stand utilized is basically the same as a 
standard Multi-pass test, except an electrically 
controlled valve is installed to allow the test flow to 
be cycled from zero to full flow. The cycle rate 
chosen for the test was 0.1Hz. Although the test 
could be conducted with any cyclic condition, the 
rate chosen was based on a survey [3]. 
CST Result for Filter "A" 

During the test procedure, clean up and stabilized 
particle count levels at the upstream and downstream 

of a test filer are measured for both steady and cyclic 
flow condition at different stages of the filter's life. 
The result of particle count levels in each stage are 
shown as "stabilized clean" during steady flow and 
"stabilized clean", "stabilized 2.5%∆P" and 
"stabilized 80%∆P" during cyclic flow in Fig. 3 and 
Fig. 4.   

A great deal of information can be gathered from a 
CST. This includes: 
•Measurement of the initial steady flow filtration 
ratio. 
•Measurement of the initial cyclic flow filtration 
ratio. 
• Initial clean-up and stabilization measurement 
(with the filter in a clean condition) – both with 
steady and cyclic flow. 
• A measurement of cyclic flow filtration ratio 
throughout the remainder of the test. 
•Clean-up and stabilization measurement as the 
filter is loaded. 
•Clean-up and stabilization measurement at 80% of 
terminal pressure drop (with the filter in a nearly 
completely loaded condition). 
•A measurement of retained dirt capacity under 
cyclic flow conditions. 
Figure 3 shows the upstream particle counts 

greater than 5 µm(c) obtained while conducting a 
CST on a test filter "A". At each step the initial 
particle concentration is very similar, but cleanup is 
reduced with the introductions of cyclic flow, and 
further reduced as the filter becomes more plugged. 

 
 

 
Figure 3 CST result – upstream particle counts >5 

µm(c) 
 
The stabilized contamination level at 2.5% 

pressure drop, ∆p, is 11 times that of the steady flow 
value. At 80% pressure drop, ∆p, the stabilized 
contamination level is 1,200 times that of the new 
filter steady flow value. These increases are 
indicative of the inability of the filter to retain 
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contaminant under these conditions. 
Figure 4 shows downstream contamination data 

for the same test filter "A". Hence, stabilized counts 
increase substantially during flow cycling and filter 
loading. The data represents a final Beta ratio at 5 
µm(c) of 1.8 compared to the initial steady state 
Beta ratio of 310. 

 
 

 
Figure 4 CST result – downstream particle counts > 

5 µm(c) 
 

CST Result for Various Filters 
The CST provides a much clearer picture of a 

filter's performance throughout its life in a fluid 
system. 

In order to demonstrate the ability of the CST to 
discriminate among similarly rated filters, tests were 
conducted on filters from several manufacturers. 
Figure 5 shows the 5 µm(c) downstream particle 
counts for these filters. These test demonstrate that 
although the filters provide good control of particles 
>5 µm(c) when new or with steady flow, their ability 
to control particles changes substantially when they 
become loaded and are under cyclic conditions. For 
example, Filter "B", which was one of the best 
performers under steady flow, exhibited the worst 
particle control under cyclic and loaded conditions. 

When comparing filter performance, one should 
focus on the stabilization data at 80% of terminal 
pressure drop. This is where the greatest 
performance drop-off occurs, and the point in the 
filter's life where any hydraulic system can be most 
at risk. 

 
REPEATABILITY AND REPRODUCIBILITY 
Repeatability tests were performed at both Pall 

Corporation and an independent laboratory using 
various sets of identical filters.  Stabilized 80% ∆p 
downstream particle counts at 4, 6, and 14 µm(c) 
taken, and an ISO 4406 code was provided for each 
filter. Tables 1 and 2 present the data from these 
tests. 

 
Figure 5 Downstream CST results from four "3µm " 
filters 
 

Table 1 shows the results of test on four different 
sets of filters: A, B, C and D. Two filters of each 
type were tested in Lab 1. The data in Table 1 shows 
excellent repeatability of the stabilization results, 
with nearly all data for a given filter agreeing within 
one ISO 4406 code. Table 2 shows excellent 
repeatability I Lab 2 for filter groups E, F, and G.  
The only exception is in the 14 µm(c) ISO code, 
where there is more variability.  This is because 
accuracy is lower due to particle counting statistics.   

 
 

Table 1.  Repeatability Data from Lab 1 
Filter 4 µm(c) 6 µm(c) 14 µm(c) ISO4406 

(particles/mL) 
A1 78 2.4 0.09 13/8/4 
A2 69 2.7 0.07 13/9/3 
     
B1 166 6.5 0.07 15/10/3 
B2 149 4.7 0.10 14/09/4 
     
C1 395 34 0.15 16/12/4 
C2 447 42 0.12 16/13/4 
     
D1 932 363 0.27 17/16/5 
D2 1061 402 0.39 17/16/6 

 
 

Table 2.  Repeatability Data from Lab 2 
Filter 4 µm(c) 6 µm(c) 14 µm(c) ISO4406 

Average of 2 or more tests (particles/mL) 
E1 399 20 0.0 16/12/0 
E2 410 23 0.5 16/12/6 
     
F1 229 38 0.0 15/12/0 
F2 187 29 0.0 15/12/0 
     
G1 76 1 0.0 13/7/0 
G2 96 4 0.0 14/9/0 
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The sets of E, F, and G filters were also used to 
verify reproducibility between Lab 1 and Lab 2.  
For each set, two filters were tested in Lab 1, and 
two identical filters were tested in Lab 2.  
Stabilized 80% ∆p downstream counts at 4, 6, and 
14 µm(c) were taken, and an ISO 4406 code was 
provided for each filter. Table 3 supplies the data 
from these tests. 
 
 

Table 3.  Repeatability Data from Labs 1 and 2 
Filter 4 µm(c) 6 µm(c) 14 µm(c) ISO4406 

Average of 2 or more tests (particles/mL) 
E-Lab1 480 57 0.00 16/13/0 
E-Lab2 404 21 0.25 16/12/5 
     
F-Lab1 82 2 0.00 14/8/0 
F-Lab2 208 5 0.00 15/9/0 
     
G-Lab1 115 4 0.08 14/9/3 
G-Lab2 86 2 0.00 14/8/0 
 
 

These results demonstrate that the CST procedure 
is quite reproducible. This is especially true when 
one considers that the test equipment in both labs 
was different, as were the operators. 

 
CONCLUSIONS 

 
Conditions such as varying flow, cold starts, shock, 

and vibration can potentially reduce the 
effectiveness of a filter in an operating system. This 
may cause the filter to release previously held 
contaminant, and consequently make it less effective 
at removing the critically sized particles. 
The data from an ISO Multi-pass test is often used 

by procurement agencies as the key performance 
factor in the process of selecting filters, and 
sometimes as the sole criterion. This test has the 
potential to exaggerate a filter's capabilities. The 
CST examines the effects of cyclic flow conditions 
and contamination loading on the capture and 
retention characteristics of the filter. The result is an 
improved filter performance reporting method that 
provides a much more realistic measure of how a 
filter performs in actual service.  
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ABSTRACT 
 
A novel test apparatus used to measure the pressure distribution of spool valve with notches has been designed, thus 
the mechanism of the noise differences related to the different notches can be investigated. Some small holes used to 
detecting pressure were arranged on a sleeve that can be shifted and rotated in preset locations. Several ways are 
introduced to minimize the internal leakage, which include the hydraulic force used to close the gaps between the 
sleeve and valve body, the large distance between the small holes and a high requirement of small clearances between 
the body, the spool and the sleeve. The effect of this test apparatus on the flow field inside the valve is limited to the 
minimum to improve the accuracy of the method proposed. The experimental results of pressure distribution are 
agreed well with the CFD results as a whole, particularly in diverging flow direction in notch (called ‘FLOW-OUT’). 
In converging flow (call ‘FLOW-IN’), the correspondence between the experiment and CFD results is not good as the 
former due to the numerical errors in CFD. The CFD and experimental results of two typical notches, the sloping 
notch (V-notch) and the notch with a passage of same cross-section areas (U-notch), was presented in this paper. As a 
result, it is revealed that the U-notch has a two-stage orifice characteristic that can be helpful to suppress the 
cavitation noise. 
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INTRODUCTION 
 
The notches in spool valve are one of main 
configurations of orifice in fluid power systems. It is 
widely used in spool valves to throttle flow. The notch 
with different geometry has different noise level in 
practical applications. However, there has been few 

works concerning the noise characteristics on the 
notch. Shigeru Oshima (1994-2003) used a unique half 
cut model of poppet valve, had studied the pressure 
distribution and cavitation in a poppet valve in detail. 
Hisanori (1994) reported the noise measurement and 
numerical simulation of a relief valve.  These works 
show that the flow passage and the orifice geometry 



have a great effect on the valve noise. It is necessary to 
understand exactly the relationship between the 
geometry of a notch and the noise. Though the CFD 
approach has popularly adopted to investigate the flow 
in hydraulic components, papers including the 
pressure distribution obtained by CFD and experiment 
are still lack.  
In this paper, for the purpose of understanding the 
effects of the geometry of notch on the noise 
characteristic in spool valve, a method and a test 
apparatus to measure the pressure distribution and to 
detect noise is proposed. The pressure distribution 
results of two typical notches obtained by experiment 
and CFD was presented. 

 
EXPERIMENTAL APPARATUS 

 
 

 
 

(a) Schematic diagram of test apparatus 
 

 
 

(b) Picture of the test apparatus 
 

Fig.1 The test apparatus 
 

1.Gauge blocks for spool location, 2.Screw, 
3.Measurement plate, 4.Spool, 5.Screw for sleeve 

location, 6.Gauge block for sleeve location, 7.sleeve, 
8.valve body, 9.Manifold, 10. Backpressure valve 

The apparatus to measure the pressure distribution are 
shown in figure 1 - figure 3.  Four notchs with the 
same size and configuration are symmetrically placed 
on each spool. In figure 2, the nineteen small holes are 
placed on the sleeve, five of which are used to 
measure the wall pressure distribution between 
high-pressure regions and return pressure area, the 
others are placed on both sides of the sleeve to detect 
the return chamber pressure. In order to stop the 
leakage among the holes, the small holes are arranged 
in three rows with the distance between the adjacent 
holes fixed at 4 mm. Several ways have been 
introduced in the test apparatus to stop leakage, which 
include the hydraulic force used to close the gaps 
between the sleeve and valve body (see the figure 1a), 
a high requirement of small clearances (5 μm in 
radial ) among the body, the spool and the sleeve.  
 
 

 
Fig.2 diagram of sleeve 

 
 

 
Fig.3 Holes location in axial direction for measuring 

pressure distribution 
 

The sleeve is movable and rotatable which makes it 
able to connect each small hole with the pressure 
transducer. Holes to be selected to connect the 
transducer are determined by the thickness of the 
gauge blocks for sleeve location and the selection of 
location holes for sleeve rotation. The thickness of 
gauge blocks for the spool location determines the 
valve opening. When a point in the low-pressure area 
is detected, the transducer with a narrow range is 
selected to improve measurement accuracy. In figure 3, 
it is shown the holes location in spool axial direction, 



the distance between two adjacent holes is 1 mm or 2 
mm.  
Sound noise was measured using a noise spectrum 
analyzer with the microphone 90 mm away from the 
test valve body.  

 
TYPICAL NOTCHS 

 
 

 
Fig. 4 notch configuration and flow areas 

 
The flow areas and main dimensions of two types of 
typical notchs are shown in figure 4. The two types of 
notchs are named as U-shape and V-shape notch 
(simply called U and V), the numbers followed the U 
or V indicating the different size notchs in the paper, 
the followed letters IN or OUT to indicate the flow 
direction in the notch passage in this paper.  U-notch 
and V-notch have typical difference in flow areas and 
profiles. The profile of U-notch has a passage of same 
cross-section area, its length being the function of the 
opening x. while the feature of the V-notch profile is 
slope along the flow direction. The actual orifice area 
of V-notch is determined by the flow area A1 because 
of the valve of A2 being larger than the A1 in all range 
of opening. The orifice location of the U-notch is not 
fixed in one position. When the opening is equal to a 
certain value (for example, 1.2 mm in fig.4c), the flow 
areas A1 and A2 of U-notch is equal, thus the 
two-stage orifice is formed in U-notch. When the 
opening is less than the certain value (1.2 mm), the 
actual orifice area of U-notch is determined by A2. On 

the other hand, when the opening is larger than this 
certain value, the actual orifice area is determined by 
A1. This change of the orifice location is called the 
shift of orifice location in this paper.  
 

RESULTS OF PRESSURE DISTRIBUTION  
 
Figure 5-figure 6 show the pressure distribution of the 
sleeve internal surface in FLOW-OUT state and in 
FLOW-IN on the two typical notches described in the 
previous section. The results in figure 5 and figure 6 
are obtained with the inlet pressure fixed at 3.0 MPa 
and the pressure in valve chamber at 0.98 MPa.  In 
that condition, no cavitation occurs in the valve and 
the state of flow in the valve can be thought 
single-phase flow. Both the experimental result and the 
CFD result are showed in these figures with the 
experimental result showed in scattered dots and the 
CFD result in continued solid lines. The CFD results 
are obtained on FLUENT software adopted RNG k-ε 
turbulence model. The oil densityρ is 889 kg/m3,the 
kinetic viscosity is 4×10－5 m2/s.  
 
Case of FLOW-OUT 
 
Figure 5 shows the pressure distribution measured 
along the sleeve surface at one opening in 
FLOW-OUT. It is known from the figure that the CFD 
result agrees with the experimental result very well. 
The pressure drop steeply at the position of y=7 mm. 
Since the pressure within the notch remains 
considerable value, there is no cavitation occurrence in 
this restriction part. On the other hand, since the 
pressure reduction due to the flow contraction close to 
the valve chamber is remarkable, the minimum 
pressure appears at the corner between the notch and 
the valve chamber (around y=8 mm). Cavitations tend 
to occur at this low-pressure area in FLOW-OUT.  
 
 

 



 
 

Fig.5 pressure distribution in FLOW-OUT 
 

Figure 5a shows the pressure distribution in the 
opening x=1 mm of U07 model. The pressure 
difference drops on two positions (y=3 mm, y=7 mm) 
and the pressure within the notch decrease slowly 
because of the resistance in the notch passage with a 
length of same sectional area, which can be 
understood in Figure 4. It is revealed that the 
U-NOTCH has a characteristic of two-stage orifice. 
The curve of pressure distribution in the return 
chamber has one peak at the position of y=10 mm due 
to the impact of the high-speed flow stream to the 
surface of the valve chamber. As the valve opening 
increases, the pressure peak tends to occur in the rear 
of the valve chamber due to the smaller flow spray 
angle, and the pressure value in peak decreases due to 
the momentum loss caused by the longer distance 
between the point of spray and the valve chamber 
surface along the flow stream. 
 As to the notch of V74, the pressure in the notch 
drops gently when the valve opening is small. The 
pressure mainly drops to the return pressure steeply in 
the fixed position of y=7 mm. Compared with the 
U-NOTCH, the pressure in the wall of the return 
chamber almost keeps constant, and increases only in 
the rear of the chamber for the flow spray angle under 
different openings is small and changes little.  
 
Case of FLOW-IN 
 
Figure 6 shows the pressure distribution measured 
along the sleeve wall in FLOW-IN state. Since no 
small holes for detecting the pressure are arranged 
within the region between y=0 mm and y=1mm for the 
difficulty of small machining, the experimental results 
do not show the pressure distribution in this region. 
However, the pressure distribution in this region can 
be conceived from the CFD result.  Because the flow 

detaches from the sleeve wall at the entrance corner, 
the pressure drops deeply within the region between 0 
mm and 0.3 mm. After passing the detaching area, the 
flow is decelerated and reattaches to the sleeve wall, 
thus the pressure regains and approaches the pressure 
value near to the return chamber of the valve. 
 
 

 

 
 

Fig.6 pressure distribution in FLOW-IN 
 
Compared the pressure distribution of U-notch with 
that of V-notch, the pressure at the restriction of U06 
regains more quickly and more easily than that in V79. 
As to the notch of U06, when the valve opening is 2 
mm, there exists a length of 3 mm flow passage with 
same sectional area behind the notch orifice to resist 
the flow from the notch orifice again.  Thus a higher 
pressure at the position of y=1mm than the pressure of 
the next position occurs. Two factors, the flow rate 
from the orifice ahead and the length of passage 
mainly determine the resistance of the same sectional 
passage. In turbulence flow state, the resistance (or 
pressure drop) is proportional to the square of flow 
rate and the length of passage.  



SOUND NOISE LEVELS 
 
Figure 7 shows the change of the sound noise level 
with the increase of pressure in the return chamber at 
the inlet pressure fixed at 5 MPa and oil temperature 
kept in the range between 46C°and 50C°.  Since the 
environmental noise level is comparatively low (65dB) 
and steady in the test environment, the measurement 
results of noise showed in the figures contains the 
environmental noise. The flow rate of the U07 and 
V75 in an opening of 2 mm is 15 l/min and 12.5 l/min 
at the return pressure p2 0.2 MPa. 
 
 

 
 

Fig.7 the noise level difference 
 

In FLOW-IN shown in figure 7a, the noise 
characteristics between the U-notch and V-notch are 
remarkable difference. Compared with the V75-notch, 
the noise level of the U07 is much lower. When the 
return pressure p2 is less than 0.4 MPa, the noise level 
of V75 reaches 85 dB, whereas the noise level of U07 
is less than 75 dB. When the return pressure is 
gradually increasing, the noise level of V75 decreases 
steeply. The noise of U07 decreases steadily. 
Compared with V75, the noise of U07 drops more 
slowly with the increase of return pressure.  
The noise level In FLOW-OUT is shown in figure 7b, 
there is not marked difference between the noise levels 
of two notches. Their noise characteristics are similar 
and there is no high squeal noise as FLOW-IN state. 
When the return pressure increase beyond 0.5 MPa, 

the noise level of V75 is lower than that of U07 due to 
the flow rate of the former being lower.   
 

CONCLUSIONS 
 
The pressure distribution of spool valve with notches 
was investigated by a novel apparatus. The 
experimental results agree with that of CFD as a whole. 
Particularly, in flow direction of FLOW-OUT, the 
correspondence between experiment and CFD is very 
good.  The pattern of pressure distribution in typical 
notches can be concluded. In FLOW-OUT state, the 
pressure within notches has a high value to restrain the 
occurrence of cavitations, and the area of low pressure 
lies in the return chamber due to the flow contraction. 
In FLOW-IN, the pressure distribution has remarked 
difference between the typical notches. The pressure 
of U-notch regains quickly, and the pressure of 
V-notch has a slow and long process to regain the 
pressure value of the return chamber.    
The noise characteristics in FLOW-OUT are similar. 
The noise of FLOW-OUT is low and no squeal noise 
occurs. There exists a critical return pressure where 
the maximum noise level appears. When the return 
pressure exceeds the critical return pressure, the noise 
level decreases gradually with the increase of the 
return pressure because the location of the flow stream 
contraction lies near to the return chamber. As the 
return pressure rises, it enhances directly the pressure 
of the flow contraction. The occurrence of cavitations 
is restrained and the noise level drops down.   
There are remarkable differences in noise between 
U-IN and V-IN. The differences are almost due to the 
difference of the pressure distribution determined by 
the notch configurations. The squeal noise appears at 
middle openings in V notch.  
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ABSTRACT 
 
This paper studies the energy efficiency of a heavily loaded cylinder drive. Pulse code modulation is used to control all 
four flow path independently with parallel connected on/off valves. A valve manifold with 4×5 two-way screw-in 
cartridge valves is used and the dimensions of the test system are such that actuator size, load force, effective inertia and 
natural frequency are at the same level as in joint actuators of typical medium size mobile machines. A cost function 
based control solution is used for online minimization of power losses. Power losses are compared with traditional 
proportional load-sensing system. 
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INTRODUCTION 
 
The main reason for the use of hydraulic actuators is 
high power to weight ratio. This is why typical 
applications are in high-power systems, e.g. mobile 
machines. Unfortunately, the total efficiency of typical 
hydraulically actuated machines is very low, even below 
5 percent [1]. This yields of excess fuel consumption, 
emissions and economical losses. 
 
The reduction of power losses has been under active 
research for decades. The most commonly applied 
approach is Load Sensing, in which the pump flow is 
matched according to flow demand of all actuators and 
the pump pressure is matched according to the highest 

load pressure. This is only a partial solution because high 
losses still occur when pressure demands of actuators are 
not at the same level. More sophisticated solutions are 
the use of hydraulic transformers [2] or pump-controlled 
actuators [3]. These are relatively expensive solutions 
and are not widely used yet. The separate meter-in and 
separate meter-out (SMISMO) control approach has also 
been studied quite a lot [4–6]. It gives freedom to control 
independently velocity and pressure level of the actuator, 
which can be utilized in energy saving by minimizing 
pressure losses. Mattila [4] used hydraulic circuit of Fig. 
1 (a) to implement a SMISMO controlled cylinder. 
Energy saving up to 50 percent was demonstrated with 
overrunning loads. Jansson and Palmberg [5] used four 
two-way proportional valves as shown in Fig. 1 (b). 



Different control strategies were discussed including 
differential circuit. Liu and Yao [6] added one extra 
valve to control cross port flow as shown in Fig. 1 (c). 
This valve was used to minimize pump flow with 
overrunning loads. Basic problems of SMISMO 
approach are the need for several high-quality 
proportional/servo valves as well as complexity of 
control systems. Typically, a model based controller 
with closed-loop pressure and flow/velocity controllers 
are used. Successful pressure control requires high-
bandwidth valves and good dynamic model of the 
system.  

Figure 1. Different SMISMO systems found in literature. 
 
This paper studies so-called digital hydraulic SMISMO 
system [7]. The basic idea is that each flow path is 
controlled by a parallel-connected on/off valve series – 
so called digital flow control unit (DFCU), see Fig. 2. 
The flow capacities of on/off valves are set according to 
binary sequence, which is known as pulse code 
modulation (PCM) approach [8]. The approach gives 2N 
discrete opening values for each DFCU where N is the 
number of parallel connected valves. Some benefits of 
digital hydraulic control approach are that low-cost 
on/off valves can be used and that the system is fault-
tolerant [7, 9].  
 
Although PCM control is an old idea, it has seldom been 
applied in hydraulic systems. Virvalo [10] used the PCM 
method to control the velocity of an oil hydraulic 
cylinder. One DFCU with four valves was installed in 
the outflow path of the cylinder in order to synchronize 
piston velocity with trolley conveyor. Similar meter-out 
control with one DFCU was used by Liu et al. [11], who 
controlled the position of the joint actuator of a spraying 
robot. Tanaka [12] implemented a high-speed DFCU for 
small flow rates. He addressed also the inherent pressure 
surge problem of PCM control. 
 
The author’s research group has studied SMISMO PCM 
control systems, such as shown in Fig. 2 [7, 9, 13-15]. 
The aim is to combine good properties of SMISMO 
control and robust on/off technology. The hydraulic 
circuit of Fig. 2 is flexible and allows simultaneous 
control of velocity and pressure level, for example. One 
difficulty is that the system has 24N different states and 
the control system must somehow select the best opening 

combination of valves for each situation. This problem 
was addressed in [13, 14] where a cost function based 
control approach was developed. The controller utilized 
the steady-state model of the system, and did not hence 
require any dynamic model of the system. The aim of 
this paper is to show that power losses can also be 
included in this general framework and that high-quality 
and energy efficient motion control is possible with 
slow-response on/off valves without any active pressure 
control.  
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Figure 2. Digital hydraulic SMISMO valve system. 

 
 

TEST SYSTEM AND SIMULATION MODEL 
 
The system studied is the same as in [14] and its 
hydraulic circuit diagram is shown in Figure 3. The 
system mimics the dynamics of the joint actuator of a 
typical medium sized mobile machine boom. The design 
as well as static and dynamic characteristics of the 
system are presented in [15].  
 
The results of this paper are based on simulations and the 
simulation model includes rigid body dynamics of the 
boom, standard models for cylinders and oil volumes 
together with following assumptions: 

• On/off valves are modeled as 30 ms delay plus 
first order dynamics (time constant 2 ms, 
maximum rate 200 1/s) 

• On/off valves of DFCUs P→A and P→B allow 
flow in both directions 

• Flow capacities of on/off valves are the same as 
in [14], i.e. the largest valve 19 l/min @ ∆p = 
0.5 MPa and the others approximately 
according to binary series 

• Pump is modeled as variable supply pressure 
source with first order dynamics (time constant 
50 ms) 

• Hose dynamics are neglected but the effect of 
hoses on the effective bulk modulus is included 
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Figure 3. Hydraulic circuit diagram of test system. 
 
Figure 4 compares simulated and measured responses. It 
is seen that the simulation model predicts accurately the 
dynamic response of the system and that the system 
dynamics is dominated by a 4 Hz natural frequency. 
 

0 1 2 3 4 5 6
0

100

200

x 
[m

m
]

0 1 2 3 4 5 6
0

5

10

p A
 [M

Pa
]

0 1 2 3 4 5 6
0

5

p B
 [M

Pa
]

0 1 2 3 4 5 6

0

1

2

u P
A &

 u
B

T

Time [s]
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CONTROL PRINCIPLE 
 
The control principle is similar to predictive control 
approach: the future response of the system is calculated 
via a model and valve controls are selected by 
minimizing a cost function. The steady-state model of 
the system is used: 
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where * •  is a shortcut for signed square root ( ) ••sgn , 
and QN,PA, QN,AT, QN,PB and QN,BT are flow coefficients of 
DFCUs P→A, A→T, P→B and B→T, respectively (see 
Fig. 3). Each flow coefficient depends on the state u of 
the DFCU and has therefore 25 different values. The 
steady-state velocity and pressures can be solved from 
Eq. 1, if the load force F as well as supply and tank 
pressure of the system are known. The system has 220 ≈ 
106 different states, which makes the real-time 
calculation of all combinations impossible. Therefore, 
the reduced search space is defined by analyzing flow 
balance of both chambers separately (see [14] for 
details). The steady-state velocity and pressures are then 
solved from Eq. 1 for all elements of the reduced search 
space by using Newton-Raphson iterations. Finally, the 
cost-function values are calculated for each steady-state 
solution and the best opening combination is selected. 
This process is repeated at each sampling instant. It is 
important to note that the approach allows control of all 
four flow paths simultaneously. The inputs of the 
controller are target velocity and pressures, measured or 
estimated supply and tank pressures, and measured or 
estimated load force. 
 

MINIMIZATION OF POWER LOSSES 
 
The hydraulic input power of the system is 
 
 PPin pQP =     (2) 
 
where QP is flow rate into the valve system and pP is 
pressure at the P-port. Following rules and assumptions 
are used in the development of the control strategy: 

• The lowest allowed target pressure is 2 MPa in 
order to avoid cavitation 

• Pressure differential over active DFCUs should 
be at least 2 MPa for sufficient controllability 

• Tank pressure pT is zero 
 
Four cases are studied: large restricting load and large 
overrunning load at both directions.  
 



Restricting load force 
The control strategy for restricting load is 
straightforward. The target pressure for the meter-out 
side is 2 MPa, and the target pressure of meter in-side is 
calculated according to load force and meter-out 
pressure. Let us consider the extending movement with 
restricting load force. Pressure references can be 
calculated as follows: 
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where it has been assumed that the load force is so big 
that pA,ref is bigger than 2 MPa. The power losses can be 
minimized by minimizing flows P→B and A→T. As the 
results of [13] show, these ‘short-circuiting’ flows are 
needed only at lower velocities for improving 
controllability. The suggested cost function for 
extending movement with restricting load is 
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The cost function has three quadratic terms, one for 
velocity error, one for pressure errors and one for power 
losses in DFCUs P→B and A→T. Tuning parameters K1 
and K2 can be used to find good trade-off between 
velocity/pressure tracking and power losses. Velocity 
and pressures in Eq. 4 are not measured but calculated 
from steady state model of Eq. 1. The retracting 
movement with restricting load can be handled similarly.  
 
Overrunning load force 
For overrunning load force, the meter-out pressure must 
be so big that the minimum pressure requirement is met 
at the meter-in side. For extending motion, pressure 
references can be calculated as follows: 
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Again a large load force is assumed, which yields the 
condition pB,ref > pP,ref. In this case, power losses can be 
minimised by allowing flow B→P and minimizing flows 
A→T and B→T, i.e. differential circuit. Small flow from 
pump is needed to compensate for piston rod area. 
Energy saving is significant especially if high supply 
pressure must be used because of demands of other 
actuators. The cost function for this situation is 
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The retracting motion can be handled similarly, but the 
meter-out flow is bigger than meter-in flow. The excess 
flow can be drained to tank via DFCU A→T or it can be 
utilized in other actuators. Therefore, the retracting 
motion with large overrunning load requires no pump 
flow and power losses are zero. 
 

SIMULATION RESULTS 
 
Implementation of Controller 
The controller is implemented according to block 
diagram of Figure 5. Trajectory generator generates the 
fifth order polynomial position reference xref and 
corresponding velocity reference vref. Position feedback 
and velocity feedforward are used to generate the closed-
loop velocity reference vref2. The load force estimate F is 
calculated from the chamber pressures by using a second 
order low-pass filter. Pressure references are calculated 
by using Eqs 3 and 5, and finally the optimisation 
procedure is used to find minimum of the cost function 
(Eqs 4 and 6) and corresponding optimal control. The 
details of the optimisation procedure are given in [13, 
14]. 
 
The block diagram shows that required measurements 
are chamber pressures, supply (and possibly tank) 
pressure and piston position. However, chamber 
pressures are used only for estimation of load force and 
not for active pressure control. The numerical values of 
main parameters are given in Table 1.  
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Table 1. Main parameters of the control system. 
Sampling time [ms] 40 
Controller gain KP [1/s] 2.5 
Feedforward gain KFF [-] 0.8 
Weight for pressure error K1 7×10-19 
Weight for power losses K2 1×10-11 
Break frequency of low-pass filter [rad/s] 15 

 
Simulated response with digital hydraulic valve 
Figure 6 presents the simulated response when the load 
masses at boom tips are 200+200 kg at cylinder side and 
0+0 kg at the other side. The load force is thus strongly 
restricting for extending movement and strongly 
overrunning for retracting movement. Figure shows that 
the system works as designed: inflow-outflow control is 
used in extending movement and differential circuit in 
retracting movement. The input power is even negative 
in retracting movement.  The total work is 4710 J if 
negative power is considered and 5190 J if negative 
power is neglected. 
 
It can be seen in Fig. 6 that the position and velocity 
tracking is good and similar to experimental results in 
[14]. Slight cavitation exists in large retracting 
movement and it could be prevented by adopting the 
anti-cavitation scheme presented in [15]. 
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Figure 6. Simulated response with digital hydraulic valve 
system. 

Simulated response with proportional valve 
In order to compare power losses to traditional valve 
solution, the simulation of Fig. 6 is repeated with a 
proportional valve. The valve has matched flow areas, no 
hysteresis or non-linearity and first order dynamics with 
30 ms time constant. The valve does not have pressure 
compensator. In the extending movement, the pump 
pressure is adjusted to be 1 MPa higher than pA. In the 
retracting movement the pump pressure is adjusted 6 
MPa higher than pB in order to avoid cavitation.  Similar 
P-controller plus feedforward is used as a closed-loop 
controller. Figure 7 shows the simulated response. It is 
seen that the tracking performance is similar to digital 
hydraulic system but power losses are higher. The total 
work is 7340 J, which is 56 percent more than in digital 
hydraulic solution.  
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Figure 7. Simulated response with proportional valve. 

 
 

SUMMARY 
 
The main result of this paper is that energy efficient 
motion control is possible with rather slow-response 
on/off valves. The digital hydraulic valve system allows 
independent control of all flow paths, which is big 
advantage when compared to traditional valves where 
flow paths are mechanically linked together. In this 
paper, the flexibility of the valve system was utilized by 
using differential connection when lowering load. This 



resulted in 36 percent reduction in power losses when 
compared to traditional valve. The energy saving control 
was implemented by including power loss terms in the 
cost function. In this approach, there is no need for 
active pressure control or accurate dynamic model as in 
other SMISMO solutions. 
 
The results of this paper are based on simulations and the 
next step of the research is experimental validation. It 
can be expected that the real system has more pressure 
peaks because real valves have variation in delays. The 
bumpless transfer between different control modes is 
also an important research topic because the load force 
may change its sign during the motion in real machines.  
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ABSTRACT 

 
In this study we investigate development of energy saving system for hydraulic excavator. In the system an accumulator 
storages power when energy exceeds and assists necessary power which is required by the actuators. As a first step of 
the study, simulation program of the system is developed. By using the simulation program it is expected that the static 
and dynamic performance is easily grasped. And it will contribute to the rationalization of the system design. In this 
paper, the validity of the energy saving system is evaluated. 
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NOMENCLATURE 
 
Cd： Flow coefficient 
Cp,Cv：Constant-pressure molar heat and  

constant-volume molar heat   [j/mol-k] 
da： Diameter of pipeline       [m] 
dpr： Displacement volume per revolution [m3] 
G(x)：Transfer function of a rack system 
j： Moment of inertia around a crankshaft [kg-m2] 
kpr1：Proportional gain 
kir1：Integral gain 
kp： Pump efficiency        [％] 
K： Bulk modulus         [Pa] 
p1, p2：Inlet pressure and outlet pressure for each 
element            [Pa] 

Pg：Pressure in accumulator     [Pa] 
PPR：Minimum gas pressure      [Pa] 
pwr：Work performed by pump     [kW] 
q1, q2：Flow rate at pipe inlet and outlet  [m3/s] 
qag： Flow rate into an accumulator   [m3/s] 
r1： Pump revolution       [rpm] 
r2： Target pump revolution     [rpm] 
∆ r：Difference between the target revolution  

and actual revolution      [rpm] 
s： Laplace operator 
tq： Motor torque         [kgf-m] 
tl： Load           [kgf-m] 
te： Engine torque        [kgf-m] 
u：Control input into a rack system 



vG：Accumulator capacity      [m3] 
vAC：Maximum gas volume      [m3] 
vLQ：Liquid volume in accumulator   [m3] 
xr： Target rack position       [m] 
xra：Actual rack position       [m] 
ρ ：mass density of fluid      [kg/m3] 
 

 
INTRODUCTION 

 
In recent years, environmental consciousness has 

risen in various fields and “energy saving” for hydraulic 
equipment (construction machinery) has become an 
important keyword [1]. In the present hydraulic driving 
system, the constant capacity pump is driven with a 
constant velocity by the engine, and the hydraulic 
pressure and flow rate are regulated by the control valve 
in order to supply necessary power for the actuator. In 
such system, rate of fuel consumption increases under 
the condition such as too much load on the actuator or 
small load while idling, because engine runs at constant 
rotational speed and it makes combustion efficiency low. 
Thus, it is considered that energy saving may be 
attained by storing excess energy by using an energy 
storage device, such as an accumulator, and utilize the 
stored energy when it is needed. This study was to 
prepare a basic simulation program of an actual 
equipment system as a preliminary step to conduct 
comparative verification experiments for the energy 
saving of a small-sized hydraulic shovel using the 
method mentioned above.  
Once the simulation program is prepared, it would be 

easy to understand the dynamic characteristics of the 
actual equipment system. Even if the parameters and 
structures of the equipment system are changed, the 
change of the performance and behavior may be easily 
understood and the program would be a very effective 
means to promote the rationalization and efficiency of 
the system design [2].   
In view of the above background, this study intended 

to prepare the simulation program of a power assist 
system for the purpose of energy storage and recovery 
using an accumulator and verify the effectiveness of the 
power assist system using the analysis result. 
 

 
SYSTEM CONSTRUCTION 

 
The power assist system is a type of system to store 

and recover energy using an accumulator as if it were a 
storage battery. It is a system to store energy into an 
accumulator during equipment idling periods and utilize 
the stored energy during loaded periods for energy 
saving purpose. Fig. 1 shows the schematic diagram of 

the power assist system. 
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 Fig. 1 Schematic diagram of the power assist system 
 
The power assist system consists of an engine, 
accumulator, hydraulic pump /motor unit. The sensor of 
the power assist system measures the pump load and 
accumulator pressure then the computer begins to 
calculate a control input and gives it to the hydraulic 
pump/motor unit. By this signal, the system, as shown 
in Fig. 2, makes the hydraulic pump/motor unit operate 
as a hydraulic pump during no-load idling periods in 
order to pump hydraulic fluid into the accumulator to 
store it. When load is applied to the system, the system 
recovers the energy of the hydraulic fluid stored in the 
accumulator to drive the hydraulic pump/motor unit as a 
motor in order to assist the engine. The engine can 
maintain a constant and most efficient load and 
revolution with this method and, as result, fuel 
efficiency can be improved. 
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Fig. 2 Operating procedures of power assist system 
 
An actual equipment system to verify the effectiveness 
of the power assist system is assumed to consist of an 
engine, two hydraulic pump/motor units, piplines, an 
accumulator and a control system as its main elements. 



The schematic outline of the hydraulic circuit diagram is 
shown in Fig. 3. The two hydraulic pump/motor units 
are connected directly to the crankshaft. The hydraulic 
pump/motor unit 2 that is connected to the accumulator 
compresses the accumulator and assists to drive the 
engine. The hydraulic pump/motor unit 1 functions as a 
variable-displacement pump and it may be considered 
as a load-producing device because it produces a load 
torque. It is considered that the unit 1 can produce 
almost the same workload of an actual working 
condition by changing the discharge amount. The 
controller determines the control input into the 
hydraulic pump/motor unit 2 from the load torque and 
accumulator pressure that are detected by the sensor. 
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Fig. 3 Hydraulic circuit diagram of the power assist  

system 
 

MATHEMATICAL MODEL FOR SIMULATION 
 
This section explains the mathematical model of the 
accumulator, hydraulic pump/motor units and engine 
that are the main constituting elements of the power 
assist system. Fig. 4 shows the schematic model of the 
accumulator. 
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Fig. 4 Accumulator model for simulation 

 
 

This element is composed of a bladder-type gas 
compression-method accumulator. The inflow into the 
accumulator should be obtained next. As an orifice is 
installed at the connection point of the pipe and the 
accumulator, the following equation can be made by 
assuming the orifice flow as being a laminar flow: 
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The following equation can be derived: 
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pg, the hydraulic fluid pressure in the accumulator can 
be obtained as follows: 

           constantG G PR ACp v p vγ γ= =    (3) 
 

where, γ is the ratio of the specific heat of gas cp to cv as 
follow: 
         p vc cγ =  
 
Thus, the pressure of the hydraulic fluid in the 
accumulator can be obtained as follow:  
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The volume of the hydraulic fluid, vLQ, and the volume 
of gas, vg, in the accumulator can be given by the 
following equations: 
 

LQ AC gv v v= −                (5) 
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Fig. 5 shows the schematic diagram of a variable 
displacement type axial piston pump/motor unit. The 
pump is made of the main elements of a swash plate, 
pistons, cylinders, a cylinder block and a valve plate. 
The inlet and outlet ports are separated by the valve 
plate.  
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Fig. 5 Model of an axial piston pump for simulation 

 
The outlet discharge of the hydraulic pump shown in the 
figure can be expressed by the following equation: 



 2 1prq d r= ×            (7) 
The work, pwr, performed by the pump can be expressed 
by the following equation: 
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The relationship between the torque tq that occurs when 
the pump/motor unit is used as a motor can be expressed 
as follow: 
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Fig. 6 shows the schematic view of the engine element. 
This element consists of an electronic governor and an 
engine. The engine should be a simple one to produce 
torque by revolution and injected fuel without taking 
into consideration the combustion.  
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Fig. 6 Engine element model for simulation 

 
The electronic governor is a device to detect engine 
revolution by the revolution sensor, calculates the target 
rack position that attains the target revolution of the 
engine and controls the rack position by the actuator. 
The simulation process is shown in Fig. 7. 
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Fig. 7 Simulation process of engine model 

 
The difference ∆r between the target revolution r2 and 
the actual revolution r1 can be expressed by the 
following equation: 

  2 1r r r− = ∆           (10) 
 

The target rack position xr should be obtained at first. 
This is equivalent to the control system of the electronic 
governor and determines the target rack position xr 
based on the control function.   
 

     xr＝g (∆r)              (11) 
 

Input u to the rack system is to be obtained next. This is 
equivalent to the electric output of the control system 
and determines the input u by PI control. Thus, Input u 
can be obtained from xr and xra by the following 
equation: 

 1 1( ) ( )pr r ra ir r rau k x x k x x dt= − + −∫   (12) 

 
The transfer function )(rG of the actuator from the 
input u of the rack system to xra can be derived from the 
system identification as follow:  
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The engine torque et  can be obtained by the following 
equation: 

),( 1rxft rae =              (14) 
 
The function ( , )x rf  is based on Fig.8. This was 
obtained as a result of tests conducted by changing the 
revolution 1r  and the rack position rax  of the actual 
equipment system. The abscissa indicates the engine 
speed and the ordinate indicates the torque. The shaded 
area indicates the rack position. If the rack position is at 
a constant position, the torque becomes greater when 
the revolution decreases. On the other hand, the torque 
becomes smaller when the revolution increases. Thus, 
the torque can be obtained from the engine revolution 
and rack position in Fig. 8. 
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Fig. 9 Block diagram of engine
 

 
The equation of motion at the rotating shaft of the 
engine can be expressed by the following equation: 
 

le ttrJ −=12 &π             (15) 
 
Based on the above equation, the block diagram 
becomes as shown in Fig. 9. The controller element 
changes the discharge amount per one turn of the 
hydraulic pump/motor unit and alternates the 
pump/motor operation. Input into the controller is the 
accumulator pressure and engine load torque values. 
The block diagram of the controller is shown in Fig. 10. 
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Fig. 10 Block diagram of controller 

 
Based on the block diagram, the mathematical 
simulation of the power assist system can be made. 
 

SIMULATION RESULTS 
 
This section delineates the verification of the 

effectiveness of the power assist system by the 
simulation conducted based on the mathematical model 
described in the previous section. The simulation results 
of the two-types of load patterns (load-torque 
waveforms) are shown in Figs. 11 and 12 respectively. 
The given load torque waveforms are shown in the 
graphs (a), the torque of the hydraulic pump/motor unit 
in the graphs (b), the accumulator pressures in the 
graphs (c) and the engine speeds in the graphs (d) in 
both figures respectively. The fine lines in graphs (d) 
show the simulation results without power assist. The 
given load-torque waveforms were determined based 

 
 

on data obtained through actual equipment operation.  
When looking into the results shown in Fig. 11 and 

paying attention to the torque of the hydraulic 
pump/motor unit shown in Fig. 11 (b), the graph 
indicates that the hydraulic pump/motor was functioning 
as a hydraulic motor under zero-load condition. It can 
be seen from the accumulator pressure shown in Fig. 11 
(c) that the accumulator was pressurized during the 
zero-load periods. However, zero load is occurred 
between 0 to 5 second and at the period the accumulator 
pressure is constant. The reason is that the pressure in 
the accumulator is set at the maximum at the initial 
condition. When comparing the engine speed shown in 
the graph (d) of Fig. 11, it is clear that the engine speed 
greatly deviated in the simulation without power 
assisting. But, the deviation of the engine speed became 
smaller in the simulation when power assist was used. 
As for the relationship between the engine speed and 
fuel consumption, the smaller the deviation of engine 
speed, the more efficiently it is possible to operate the 
engine by maintaining a better engine speed. Thus, it is 
considered that the power assist system may be able to 
attain energy saving. 
 When looking into the simulation results using a 
different load torque pattern shown in Fig. 12 and 
paying attention to the torque of the hydraulic 
pump/motor unit in graph (b) and the accumulator 
pressure in graph (c), it can be seen that the hydraulic 
pump/motor unit was functioning as a hydraulic motor 
and pressurizing the accumulator when the load became 
zero as the same as the case shown in Fig. 11. The 
accumulator pressurization was made not only during 
zero-load periods but also during a time when the load 
was small. Even there were no zero-load periods shown 
in Fig. 12 (a), the accumulator pressure did not 
drastically drop.  
 As for the engine speed shown in Fig. 12 (d), when the 
power assist system was used the deviation of the 
engine speed was small as the same as the case shown 
in Fig. 11. Thus, it is considered that energy saving was 
attained. As described above, the effectiveness of the 
power assist system was verified by this study. 
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CONCLUSION 
 

In this study, a mathematical model of a power assist 
system was made for the purpose to prepare a 
simulation program of the power assist system to store 
and recover energy using an accumulator. Based on the 
mathematical model, the simulation of the dynamic 
characteristics of the power assist system was conducted. 
From the simulation analysis results, the effectiveness 
of the power assist system was verified.  
As a future work we would like to build an actual 

experimental facility and would like to discuss how 
much the proposed system could save energy. 
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ABSTRACT 
 

With the great advancement of Internet, the bilateral telecontrol system will enable operator to accomplish complicated 
tasks with haptic information all over the world. The paper emphasizes on the main problem of such system, that is 
variable time-delay which brought by the Internet will cause the telecontrol system to be unstable. Firstly, after the 
discussion about the master-salve operation and the effect of Internet to it, one kind of control architecture based on 
compensator, which can ensure the stability of system with constant time-delay, is proposed. Secondly, the uncertainty 
characteristic of the time-delay is described under TCP and UDP separately, and the problems of the two protocols in 
telecontrol system are presented, and also the corresponding solution is given out. Thirdly, in order to solve those 
uncertainty problems, using the idea of sliding mode control, the telecontrol architecture with switching compensator is 
investigated. 
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NOMENCLATURE 

 
(s)SG  : The whole system of slave side 

(s)MG  : The whole system of master side 
(s)1G  : The compensator for forward path 
(s)2G  : The compensator for feedback path 
(s)1F  : The time-delay of forward path 
(s)2F  : The time-delay of feedback path 

FWP/FWO: Forward Processor (TCP)/Observer (UDP) 
FBP/PBO: Feedback Processor (TCP)/Observer (UDP) 
        : Impedance of master/object/pseudo-operator 

 
INTRODUCTION 

 
Telecontrol requires different transmission media to 
separate the controller and remote system. And now 
Internet which is the largest network with open and 
world-wide characteristics has provided a convenient 
way to develop the telecontrol system. For a few years, 
the improvement of Internet-based telecontrol system’s 
performance has been studied [1]. And recently the 
research on the combination of Internet and 
master-slave system is carried on with the cooperation 
between Kitagawa lab in Tokyo Institute of Technology, 

vpe ZZZ //0



Japan and Mechatronics Center in Beijing Institute of 
Technology, China. Master-slave bilateral control can 
create a sense of “telepresence”, which would enable a 
human being to accomplish the complicated operation 
task with the haptic information. However the bilateral 
control system is greatly sensitive to the time-delay 
and with the variable time-delay caused by Internet the  
system will go to be unstable, this is the biggest 
problem of the telecontrol system. 
For the significant aspects, many researchers have 
focused their attentions on the related works. Anderson 
and Spong proposed a control law for Master-slave 
system with any non-varying time-delay based on 
passivity and scattering theory for the first time [2]. 
Then Gunter Niemeyer of MIT developed this law into 
wave-variable and introduced Internet into the system 
[3], and also Munir.S and Wayne J.Book of Georgia 
Institute of Technology, Yasuyoshi YOKOKOHJI and 
Teruhiro TSUJIOKA of Kyoto University in Japan have 
done some jobs on the wave-based subject [4-5]. Imad 
Elhajj and Xi Ning of Michigan State University carried 
their researches based on Event-Based Control [6]. 
Wave-based method makes a set of theory for 
teleoperation, but it will generate the problem of wave 
reflection which is a little difficult to deal with. 
This paper proposed one kind of compensator-based 
telecontrol architecture, which will make the system 
into stability under the variable time-delay. 

 
MASTER-SLAVE OPERATION METHODS 

 
Indirect Operation and Direct Operation 
In the research, a new method different from the 
traditional method has been developed, which considers 
the operator into the system [7]. Here, the traditional 
method was named as indirect operation, and the new 
method was named as direct operation.  
From basic operating method for the object, indirect 
operation means that operator operates the object by a 
tool, such as robot, and when it comes to master-slave 
system, master robot matches to slave robot, the 

operator operating the master feels like operating the 
slave. Figure 1 shows its conceptual sketch. Oppositely, 
direct operation method means that the operator 
operates the object directly, and when it comes to 
master-slave system, master robot matches to the object 
and slave robot matches to operator, the operator 
operating master feels like operating the object directly. 
Figure 2 shows its conceptual sketch.  
F-F and M-F 
Master-slave operation can be classified into four basic 
types according to the types of information exchanged 
between the master and slave. Here only the 
force-feedback system will be discussed, which includes 
Force-Force Transmission type (F-F) and Motion-Force 
Transmission type (M-F). Figure 3 shows the F-F type 
operation, in which force is transmitted to slave and 
force of object is feedback to master. Figure 4 shows 
M-F type, in which motion signal (velocity) is 
transmitted to slave and force of object is feedback to 
master. They are both based on the direct operation 
method. 
Comparing the F-F and M-F type, it can be seen that 
their control structures are radically different. F-F type 
is a parallel system and M-F type is a feedback system, 
although they both have force feedback. Therefore the 
effects of Internet are different and they should have 
different resolutions. This paper focuses on the study of 
M-F type based on direct operation method. 

 
TELECONTROL ARCHETECTURE FOR M-F 

 
Effect of Time-delay 
The original intention of the TCP/IP-based Internet 
emphasizes on the sharing of data resources but not the 
real-time transmission of data and the experiments 
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prove that there is certain network time-delay in the 
process of data transmission through Internet. So when 
introducing Internet into master-slave system, the 
time-delay caused by Internet will exist in the forward 
and feedback path, shown in Fig.5. This will worsen the 
performance of control system, and even cause it to be 
unstable. Figure 6 presents the simulation result. Sine 
wave signals with frequency of 1rad/s and amplitude of 
100N was used as input operation force, the object was 
modeled as a spring, and the time-delay in forward and 
feedback path are both 100ms. From the result it can be 
seen that the force of slave can not follow the operation 
force and as the time goes on, the system turned to be 
unstable. 

Principle of Compensator 
For the convenience of discussion, in this paper MG   
is used to represent the whole system of master side and   

SG is used to represent the whole system of slave side. 
The main idea of designing the compensator is to design 
the forward compensator (s)1G  and feedback 
compensator (s)2G  separately according to the 
characteristic of time-delay which exists in both forward 
and feedback path. The main principle of (s)1G  is to 
estimate the dynamic model of the system and to 
parallel estimator with the system to compensate for the 
time-delay of system, to ensure the system to act ahead 
by trying to send the delayed control signal into system 
as early as possible, so the effect of time-delay in 
forward path can be eliminated. And the main principle 
of  (s)2G  is to remove the delay section in the equation 
which is appended for the effect of time-delay in the 
feedback path, that will ensure that the response of the 
telecontrol system is equal to the original system. 
According to the above principle, the forward 
compensator (s)1G  and feedback compensator (s)2G   

are designed, which are shown in Eq.(1) and Eq.(2) 
separately, (s)1F and (s)2F  represent the time-delay 
section in the forward and feedback path separately.  
        ( ) ( ) ( )( ) ( )ss1ss 121 SGFFG ⋅−⋅=   (1) 

        ( ) ( ) ( ) ( )( )s1ss1
1s

2SM
2 FGG

G
−⋅⋅+

=  (2) 

And the working principle of the whole compensator is 
shown in Fig.7, by the compensation of (s)1G  and 

(s)2G , the transformation function of the close loop   
is shown in Eq. (3).  
        ( ) ( ) ( )

( ) ( ) ( )s
ss1

sss 1
SM

SM F
GG

GGG ⋅
⋅+

⋅
=    (3) 

From the above equation, it can be seen that lag has 
been eliminated which will worsen the performance of 
telecontrol system and the telecontrol system with 
compensator is equal to the original system linking with 
a delay section which can be seen clearly from Fig.7. 
However, from the Eq.(1) and Eq.(2) it can be seen that 
there are network time-delay secessions in both of the 
two compensators. When the time-delay is constant and 
can be modeled in the compensator, the system will be 
stable by the principle above, but unfortunately, 
according to our experiment the time-delay caused by 
Internet may vary during the data transmission and also 
have many other problems, which will be discussed in 
the following. 

 
TIME-DELAY CHARACTERISTIC 

 
Figure 8 shows the time-delay of TCP and UDP data 
grams and its influence to signal transmission. In the 
experiment, sine wave signals were transferred through 
Internet from Beijing, China to Tokyo, Japan by data 
grams with the sending period of 10ms. Every point in 
the figures stands by a data gram. The bottom figures of 
both Fig.8(a) and Fig.8(b) show the time delay of TCP 
and UDP data grams separately over a period of 10s. 
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The top figures of both Fig.8(a) and Fig.8(b) show the 
sent and received signals of sine wave. And the bigger 
points in the top figure of Fig.8(b) denote the lost data 
grams.  
From the figures, it can be seen that the time-delay of 
Internet under both TCP and UDP have the uncertainty 
characteristic which is a term used to illuminate that 
network time-delay may vary according to events 
occurring all along the transmission lines, and 
furthermore the time-delay do not comply with any 
statistic standard curve according to the analyzing with 
tools of SPSS for windows. The uncertainty 
characteristic of time-delay will bring blank-sampling 
and more-sampling, which will bring bad effect to the 
control sampling system. 
Also the difference between TCP and UDP can be seen 
clearly from the figure. TCP which is connection-based 
can guarantee the transmission of every datagram but 
will bring larger time-delay and more serious time-delay 
uncertainty which may ruin the shape of the sine wave, 
and UDP which is not connection-based has shorter 
time-delay and can preserve the shape of the sine wave 
better but can not guarantee the transmission of every 
datagram. 
Both TCP and UDP can be used in the telecontrol 

system in case that signal distortion problem of TCP and 
signal losing problem of UDP can be solved well. 
Therefore, Sampled-information Processor for TCP and 
Sampled-information Observer for UDP in both forward 
and feedback path have been used in the system. 
The Processor for TCP has been introduced in the 
previous works [1], and the following will present the 
principle of Sampled-information Observer for UDP.  
Sampled-information Observer for UDP 
It is true that UDP data grams can be lost or duplicated, 
or will arrive out of order, the bigger points in Fig.8(b) 
show the lost or out-order data grams. This problem will 
worsen the performance of control system. So Observer 
for UDP was introduced into the system.  
The basic idea of Observer for UDP is to make sure that 
the datagram sending period is smaller than the 
sampling period in the receiving site. And the sending 
period should be limited by the load capacity of the 
network, the sampling period should satisfied with the 
Shannon theorem. Figure 9 shows an example, in which 
sampling period is double of sending period. So 
averagely, two data grams can be received in one 
sampling period if no datagram is lost. In case that one 
datagram is lost, signal in another datagram can be used 
as the sampled-information. Otherwise the latest 
information will be used as the sampled-information. 

Figure 10 shows one experiment example for the signal 
transmission under the same network situation as 
Fig.8(b) using the observer, in which sending period is 
5ms and sampling period is 10ms. From the figure it can 
be seen that the lost control information was reduced, 
but there is also two bigger points which means two 
sequential data grams were both lost at that time. 
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Accordingly the previous sampled-information can be 
used to minimize its negative effect to the system.  
Besides, the time–delay uncertainty will also exist under 
UDP which is just better than that under TCP. So the 
situation of blank-sampling and more-sampling will still 
happen, therefore the same strategy as used under TCP 
should be used to solve those problems. 
Although the Processor for TCP and Observer for UDP 
can lessen the adverse effect of the uncertainty 
time-delay and data losing caused by network, the 
stability of system can not be ensured substantially, the 
compensator presented in the last section must be 
advanced, which will be discussed in the following. 
 

TELECONTROL ARCHITECTURE WITH 
SWITCHING COMPENSATOR 

 
By transforming the compensators given by Eq.(1) and 
Eq.(2) into block diagram, putting them into Fig.7 and 
making a simplification, eventually the system can be 
transformed into the block diagram shown in Fig.11, 
and also the processor or observer discussed in last 
section are included in the system. 

The control architecture discussed above is model-based, 
and the models of time-delay and remote system are 
used in the compensators, so the uncertainty of those 
two parts will have adverse effect to the system’s 
stability, in another word, the system’s robust. Because 
the problem of time-asynchronization between the local 
and remote computer system, the half loop time-delay is 
so difficult to get, and also because the time-delay is so 
irregular, the prediction of the time-delay which was 
tried with structure shown in Fig.11 has been proved to 
be a hard task to realize. 
Sliding mode control which is an important robust 
control approach provides an effective way to the 
problem of maintaining stability and consistent 
performance in the face of modeling imprecision. Using 
the idea of sliding mode control, this section 
investigates one kind of switching compensator to deal 
with the problem of model uncertainty. The telecontrol 
architecture with switching compensator is shown in 
Fig.12.  

The structure of variable adjustor Φ in the controller 
will be dynamically switched according to different 
situations of the received feedback signal to let the 
whole system satisfy the principle discussed above. 
Actually, the model of the slave system in the sliding 
mode architecture and the master system in the local site 
would compose a close loop which will equal to the 
original system, so using the variable adjustor Φ to 
build a virtual loop to reduce the negative affectation 
caused by the delayed feedback signal can ensure the 
stability of the whole system.  
And also it can be seen that the input signal of variable 
adjustor Φ is the control signal passing through forward 
and feedback path, so the compensator will include the 
real Internet time-delay sections of both forward and 
feedback path, and the modeling of this two parts are 
not needed in the local compensator, that is to say, the 
forecast for the time-delay of Internet is not necessary, 
this will make the compensation more accurate and 
effective. As a result, the adjustor Φ only needs to 
switch to different constructions every sampled-period 
by the three different sampling situations of the local 
site, which are blank-sampling period, single-sampling 
period and multi-sampling period.  
And the basic idea to design the variable adjustor Φ is to 
let it satisfy Eq.(4) at any situation to the best of its 
ability. 

(s)GFF S××=×  (s) FBP(s) (s) 22φ          (4) 
Because FBP(s) will have different structure at different 
sampling situation, in order to be satisfied, the variable 
adjuster Φ will switched among three structures 
according to the  different sampling situation which can 
be decided by the comparing between the received-time 
information of the corresponding datagram and its 
above datagram every sampling period. 
Considering the local sampling period of No.i, the 
adjustor Φ can designed as the following.  
In case of single-sampling situation, Φ can be designed 
as Eq.(5):  
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In case of blank-sampling situation ,Φ can be designed 
as Eq.(6): 
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In case of multi-sampling situation, Φ can be designed 
as Eq.(7): 
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Where b(i) is the output of variable adjustor Φ which 
can be seen from Fig.12, and Â , B̂ , Ĉ  are the state 
equation parameter matrixes of the remote system  
model. 

 

SIMULATION RESULT 

 
In order to prove the validity of the compensator 
discussed above, the simulation system was done based 
on the architecture shown in Fig.12, in which sine wave 
signals with frequency of 1rad/sec and amplitude of 
100N were used as input operation force, the object was 
modeled as a spring, which are the same conditions as 
those in the simulation shown in Fig.6. And the 
time-delay in the forward and feedback path are shown 
in Fig.13, which are time-delay measured under UDP 
protocol from Beijing, China to Tokyo, Japan. Figure 14 
shows the simulation result, from which it can be seen 
that the system has turned to be stable and force of the 
slave can follow force of the master with a certain lag 
and some disturbances. And here the lag is caused by 
the time-delay and the disturbances are caused by the 
blank-sampling and multi-sampling which are generated 
by the uncertainty characteristic of time-delay. And it 
should be pointed out that in the simulation the master 
and the slave knew nothing about the time-delay. 

CONCLUSION AND FUTURE WORKS 
 

This paper presented the research on bilateral 
telecontrol of networked robot with variable time-delay. 
And Internet was used as the communication media for 
its convenience. Firstly, one kind of control architecture 
was brought out according to the corresponding 
master-slave operation method to solve the unstable 
problem caused by time-delay existing in forward and 
feedback path. Secondly the uncertainty characteristic 
of time-delay was presented with the comparing 
between the different situations under TCP and UDP 
protocols, and their problems were discussed. The paper 
has focused on the UDP, which is not aimed to show 
that UDP is better than TCP when used in telecontrol 
system. Both TCP and UDP have their strongpoints and 
their problems in telecontrol system. The proposed 
sampled-information observer for UDP can reduce the 
losing control signals under UDP. And after that the 
telecontrol architecture with switching compensator 
which can maintain the system’s stability in face of the 
uncertainty time-delay is investigated. And this will be a 
good approach to solve the problem of uncertainty of 
the object in the near future; also the application robot is 
planed to be developed. 
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ABSTRACT 
 

Reliability is essential for electro-hydraulic systems due to the high energy densities associated with their operation.   A 
failure can have catastrophic results, for example, if a contamination failure of hydraulic fluid at high pressure occurs.  
A novel approach for fault diagnosis of hydraulic systems has been proposed, using genetic algorithms as the parameter 
optimization method, and model based simulation.  Performance tracking of critical parameters within the hydraulic 
system assesses subtle state changes and attempts to identify failure modes associated with these state changes.  The 
proposed approach, which requires analysis of each component of the hydraulic system under normal operation and 
with specific, induced failure modes, has been successfully applied to a hydraulic system incorporating a servovalve 
and linear actuator.  The results of this study provide a basis for future studies of more complex hydraulic components 
and systems. 
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INTRODUCTION 
 
Mechanical systems in general can be expected to 
develop faults if operated for any length of time.  These 
faults need to be detected and identified, preferably at 
an early stage before they become compounded.  There 
would be clear advantages if an automated system were 
used to monitor the performance of a complex 
mechanical system, providing early warning fault 
conditions.  A monitoring sysem would need to 
recognize faults in specific components in particular 
those that are central to the best and safe operation of 
the mechanical system. 
This paper reports on the performance of fault diagnosis 
tasks by applying model-based and optimization 
techniques, which aims to detect potential and on-going 

failures in electro-hydraulic systems, by looking at 
small changes at the state of the hydraulic system that 
could be associated with typical or expected failure 
modes.  Reliability is essential for electro-hydraulic 
systems due to the high energy densities associated with 
their operation.  A failure can have catastrophic results, 
for example, if a containment failure of hydraulic fluid 
at high pressure occurs. 
A novel approach for fault diagnosis of hydraulic 
systems has been proposed, using Genetic Algorithms 
(GA) techniques as part of the optimization method 
used, and parametric model-based simulation.  
Performance tracking of critical state parameters within 
the hydraulic system assesses subtle state changes and 
attempts to identify failure modes associated with these 
state changes.  The proposed approach requires the 



analysis of each component of the hydraulic system 
under normal operation and with specific, induced 
failure modes.  A detailed study has been completed on 
one sub-system: a servovalve and linear actuator 
configuration.  This study provides a template for future 
studies of other hydraulic components. 
While GA toolbox used was developed by [1] and 
MatLab/Simulink used as the simulation software, the 
combination of GA and a parametric simulation model 
is an innovative contribution to the filed of fault 
diagnosis in hydraulic systems. 
Experimental results show that the developed diagnosis 
algorithm can detect and classify small changes in state 
parameters of the hydraulic system due to controlled 
and induced failures [2].  However, when sudden step 
changes are induced to the hydraulic system, the 
developed diagnosis algorithm has only been able to 
detect the abnormal behavior of the hydraulic system. 
An advantage of the developed technique is the 
reusability of the knowledge introduced in the 
monitoring system.  This benefit provides a good 
flexibility of the software that could be fitted into other 
application, in which the basic engineering rules may 
only be changed. 
 
HEALTH MONITORING OF MECHANICAL 
SYSTEMS 
 
Health monitoring systems perform two basic tasks:  
diagnosis and prognosis of failures.  Fault diagnosis 
assesses the state of a mechanical system and performs 
an automated diagnosis to evaluate potential failures.  
Fault diagnosis may be subdivided into fault detection 
and fault classification stages, where the former triggers 
the latter by detecting possible failures in the system.  
After detection, the monitoring system classifies the 
fault into its most probable failure mode.  Features of 
the classification algorithm usually are part of the 
monitoring system’s requirements and can be addressed 
towards the end user.  Some examples of this final 
classification: Clogged filter / Critical failure, “stop the 
machine”; Electronic controller failure / Abnormal 
system event, “call service personnel”; Pressure sensor 
communications lost / System abuse, “change mode of 
operation”. 
Fault prognosis is concerned with the estimation of 
potential future failures and the associated implication 
to the mechanical system, for example [3, 4; 5].  For 
example, prognosis aims to enhance maintenance 
planning and scheduling of expected failures [6]. 
 
EXPERIMENT SETUP AND TEST RIGS 
 
This section outlines the test rig development.  When 
setting up the experiment, it was necessary to 
accommodate possible variables that, if overlooked, 
may adversely impact upon the results.  The number of 

uncertainties is minimized in the experimental test rig 
by eliminating erroneous inputs that may affect the 
desired output, maximizing the certainty of 
experimental repeatability. 
An accumulator was used at the inlet pressure port of 
the servovalve.  It was found that a sudden change in 
spool speed direction, associated with the change of 
movement of the actuator, causes high ripples that the 
input line cannot compensate.  This ripple caused 
undesired pressure spikes in the resulting outputs.  The 
pressure at the inlet pressure port rises sharply when the 
actuator starts changing direction. 
Pressure transducers were used in both chambers of the 
linear actuator.  The analog signal from the pressure 
transducers is proportional to the measured pressure, 
and a conversion chart was generated to determine 
pressure from the analog voltage value.  The actuator 
drive command signal was acquired from the test rig.  
This signal drives the servo-valve’s torque motor.  
 
FAILURE MODES CONSIDERED 
 
The scope of the completed study focused on functional 
failures, which occur when one or more of the target 
functions are lost.  In addition, degradation failures are 
sought in this work, which are difficult to detect and if 
so, the standard procedure involves manual 
troubleshooting that is time consuming and sometimes 
low in accuracy of its results. 
Clogged filter:  This failure mode considers a clogged 
filter in the servovalve’s pilot line. In order to 
reassemble the blockage condition, a restrictive nozzle 
(orifice) was used to throttle the oil flow going to spool 
end chambers.  An adapter was manufactured to hold 
the orifice in position and replace the original filter.  
The new orifice does not filter pilot oil, but decreases 
pilot pressure to values that can be adjusted by changing 
the size of the orifice. 
The original filter adapter was machined and modified 
to hold the new orifice adapter.  Pilot pressure was 
measured at both spool end chambers using custom 
manufactured end plates, with integrated pressure ports, 
installed on both sides of the valve body. 
Pressure gauges on an existing hydraulic test rig were 
used to measure the reduced pilot pressure.  Pressure 
gauges measured pilot pressures at both sides of the 
spool, and supply pressure. 
The function of the flapper-nozzle valve is to create an 
unbalanced pressure differential between both chambers 
at spool ends.  The spool moves from one side to the 
other within the bushing according to this pressure 
differential.  Merritt [7] argues that the optimal pilot 
pressure for flapper-nozzle servovalves occurs at a 
value of half of the supply pressure.  This optimal value 
gives the maximum pressure sensitivity and is 
considered as a design criterion.  Two thirds of supply 
pressure is the nominal design value for pilot pressure in 



two stage servovalves.  Experimental results in this 
work produced a pilot pressure between half and two 
thirds of supply pressure. 
Broken feedback wire:  The ball at the end of the 
feedback wire was removed to reproduce this type of 
failure.  The backlash between the broken end of the 
feedback wire and the hole in the spool increases 
dramatically with this failure mode.  Two torque motors 
were used in these tests (i.e. one with a normal feedback 
wire and the other with a broken feedback wire). 
Sticky spool:  Guillon and Griffiths [8] analyzed valve 
sticking in a generic spool.  They argue that the most 
common method to reduce spool sticking on the bushing 
is to groove the spool in order to reduce pressure that 
creates unbalanced radial forces, which may push the 
spool against the bushing.  The unbalanced pressure 
may induce high forces between the spool and bushing 
creating large amounts of heat. 
Another cause of valve sticking is the presence of 
contaminants such as lacquers that would produce a 
physical contact between the spool and the bushing.  
This failure mode increases the friction between the 
latter elements by the addition of foreign material.  
Given that this study focused on failure modes induced 
by oil contamination, the second failure mode for spool 
sticking was selected. 
In order to reassemble the increased spool-sticking force, 
two grooves were machined at both side ends in the 
spool.  Pairs of rings were then fitted onto each spool 
end: one o-ring and one friction ring.  The o-rings 
provide the spring effect that pushes the friction ring 
against the bushing. 
 
SIMULATION MODEL 
 
The development of a theoretical model for the 
hydraulic arrangement (figure 1) implemented theory 
developed by other researchers, in particular, [9, 10, 11, 
12, 13], and the authors, to generate the appropriate 
simulation equations. 
The simulation includes input signals that come from 
the test rig, such as fluid pressure, valve drive and 
piston position.  Initial position conditions are recorded 
at the particular sampling data file that is being assessed 
for failures, such as initial pressures and positions.  The 
two active components under investigation are the 
servovalve and associated actuator. 
 
Hydraulic model development. The servovalve 
simulation “block” design is a third order equation 
model that contains two additional blocks that 
correspond to each of the servovalve’s stages.  The 
actuator simulation design incorporates the position 
transducer, which is a Linear Variable Differential 
Transformer (LVDT) that is located inside the cylinder 
rod, and three cylinder chambers.  Including additional 
sub-systems, such as line pressure drop and hose 

expansion, increases the accuracy in the simulation 
output plot.  The implication of these sub-systems in the 
simulation was assessed. 
 
Servovalve simulation design.  A third order model, 
used for the servovalve design, located in the 
armature-flapper valve block.  The model structure was 
developed with a “tune-up” phase using specifications 
from the manufacturer. 
The armature-flapper valve model tune-up procedure 
included:  Frequency response tune-up:  Preliminary 
sensitivity trials showed that hydraulic gain parameter 
has the most significant influence in model design 
performance); and, Step response tune-up:  A 50mA 
step signal was used as the input signal to the proposed 
simulation design.  The chosen hydraulic gain most 
precisely models both frequency response and step 
response specifications of the chosen servovalve in the 
experimental test rig. 
Additional simulation blocks were incorporated in the 
simulation design to include potential non-linearities 
caused by failures in the servovalve:  Saturation block:  
Limits the maximum electrical current that can be 
applied to the torque motor;  Threshold block:  Models 
the minimum pressure required to overcome the 
coulomb friction between the spool and the bushing 
from rest;  Supply and Return pressure compensation 
block;  Filter and orifices restriction block. 
Spool flow dynamics model.  A novel representation of 
the pressure-flow fluid in the spool was developed, 
incorporating the overlap and leakage flow at null, 
which was assessed in the overall diagnosis algorithm. 
Actuator simulation design:  The simulation is first 
adjusted to match published specifications from the 
manufacturer.  Adjustments are associated with 
frequency and step response.  Geometric and functional 
parameters associated with actuator function were 
measured and grouped as either model or state 
parameters, 7 and 6 parameters, respectively. 
System issues (adjunct components):  The simulation 
accommodates the effect of the compressibility of oil at 
each of chambers; describes the relationship between 
flows and pressures in chambers; applies Newton’s 
second law to the piston to define its dynamic behavior; 
and, models the non-linear performance of the hoses 
associated with the test rig (pressure drop and 
expansion).  Hydraulic flow resistance is caused by 
irregularities on the internal hose walls and capillarity, 
which are converted into a temperature increase in the 
fluid and is often associated with power losses [7].  Loss 
coefficient values for hydraulic fittings, manifolds, lines 
and valves were used [14]. 
 
MODEL PARAMETERIZATION 
 
The simulation model developed contained 41 model 
parameters.  A two dimensional array was used to 



represent parameter information: nominal parameter 
values that best describes a fault-free condition of the 
servovalve-actuator hydraulic system; the minimum and 
maximum boundary values of the associated parameter 
(the useful operational range within the simulation); 
whether the parameter will be considered in the 
optimization algorithm or not (0 not included, 1 
included); and, a description of the parameter and its 
associated units. The parameters are grouped in the 
array in accordance with the simulation block to which 
they correspond: Group 1:  First stage of the servovalve; 
Group 2:  Second stage of servovalve; Group 3:  Linear 
actuator model; and, Group 4:  Adjunct components. 
Sources for quantitative data associated with the 
parameters: measured from the existing laboratory 
equipment; test rig experiments; data from [7, 14, 15] 
and manufacturer specifications; calculations using the 
servovalve’s specification; and, comparing simulation 
data recorded from the test rig with simulation 
outcomes.  
 
FAULT DIAGNOSIS ALGORITHM 
 
The diagnosis algorithm contains both automated and 
manual features to process sample data from the test rig, 
and using the simulation model, to assess their 
similarities, which are expressed in terms of the 
simulation error.  An increased simulation error 
corresponds to a reduced similarity.  The algorithm aims 
to detect subtle changes in the sampled data coming 
from the test rig by performing a continuous on-line 
evaluation of the simulation error and attempts to 
classify the detected failure by optimizing model 
parameters that best match faulty data.  Two types of 
data are used by the diagnosis algorithm: sample data 
acquired from the test rig by the data acquisition 
hardware; and, simulation data calculated by the 
simulation model.  Genetic Algorithms (GA) were 
found to be the most appropriate optimization method to 
find the new set of model parameters that would reduce 
the simulation error below the required threshold.  The 
following paragraphs outline features of the fault 
diagnosis algorithm. 
Objective function:  Reflects relevant, targeted 
functions of the hydraulic system, sub-systems or 
components and assesses their associated performance.   
Filtering:  A low pass analog filter was used between 
the test rig and the data acquisition hardware. Another 
two filters were used in the diagnosis system to process 
the sampled data acquired from the test rig: the moving 
average filter to smooth sample data coming from the 
test rig; and, a conventional notch digital filter design 
was used to remove 50Hz noise digitally. 
Parameter tune up:  The diagnosis algorithm has a 
self-tuning feature that takes sampled data that is free of 
failures, to tune-up nominal model parameters.  The 
algorithm evaluates the effectiveness of each parameter 

in the sampled data string, by changing its value to the 
minimum and then to its maximum.  
Fault detection threshold determination: A small 
value of threshold error would trigger the diagnosis 
system too early and may introduce false alarms.   
Simulation step time:  Preliminary analyses were 
carried out with a fixed simulation step time of 1e-5 
seconds, which was found to provide enough resolution 
to identify all significant features within the input data.   
Parameter finding approach:  GA methods are used 
when multiple model parameters are being optimized 
simultaneously.  An advantage of GA is that a group of 
model parameters can be divided in sub-groups, 
whereas each group can include a different Failure 
Mode Identifier (FMI) to initiate the model.  
Model parameter selection criteria:  There are always 
redundant model parameters (attributes), that must be 
set to their constant nominal value (i.e. discarded) 
before the model parameters are incorporated in the GA 
loop.  Otherwise they would provide redundant 
solutions to the optimization process, and hence, there is 
no unique arrangement of model parameters that satisfy 
the optimization routine.   
Null adjustment:  There are some state variables in 
hydraulic systems that do not produce a system failure 
when they are not working at their nominal operational 
condition (i.e. out of calibration).  It was experimentally 
found that a state variable associated with this event is 
an uncalibrated servovalve null. 
 
ANALYSIS OF DIAGNOSIS ALGORITHM 
PERFORMANCE 
 
Two types of experiments were performed using the 
diagnosis algorithm: type-1 using the diagnosis 
algorithm alone (three sets of experiments – these 
experiments analyse the performance of the features 
included in the diagnosis algorithm prior to the analysis 
of real data from the test rig); and, type-2 using actual 
sampled data from the test rig in the diagnosis algorithm 
(three sets of experiments).  A total of 35 trials of the 
type-1 experiments were performed, and a total of 116 
trials of the type-2 were completed using the data from 
the test rig. 
Self diagnosis analysis: Experiments sought to 
determine the performance of: parameter tune-up; 
automated model parameter selection; and, self 
diagnosis simulation.  The diagnosis algorithm was not 
able to determine any combination of simulation 
parameters that reduced the simulation error below the 
threshold, although parameters 1 (i.e. valve filter 
blockage ratio: positive speed) and 2 (valve filter 
blockage ratio: negative speed) are able to represent a 
high clogged condition of the servovalve filter.  A 
summary of some of the conclusions reached following 
these experiments:  1. Only small variations in model 
parameters values can lead to a successful classification 



of failures.  Large changes in the sample data caused by 
failures in the hydraulic system may lead to erratic 
solutions associated with different combinations of 
model parameters.  2. A population of 50 GA 
“individuals” provides classification results similar to 
100 individuals.  Simulation cycle times are 
dramatically reduced by using the 50 individual 
population size.  3. Low classification performance in 
some model parameters results in the number of model 
parameters that can be used simultaneously being 
reduced considerably. 
Experimental analysis: Clogged filter  A clogged 
filter fault has an associated condition where the pilot 
pressure at the servovalve is reduced.  A series of 
different pilot pressure values were manually measured 
in test rig.  A pilot pressure greater than 50% of supply 
pressure was found in all the experiments using a fault 
free servovalve.  When the restrictive orifice was used 
to replicate a clogged filter condition, the pilot pressure 
dropped significantly.  Simulation results obtained for 
this failure mode are in accordance with observations 
and show that the diagnosis algorithm can successfully 
recognize the introduced clogged filter condition in the 
servovalve.   
Experimental analysis: Broken feedback wire  There 
are two failure modes found in the experiments that can 
develop when the feedback wire is broken: increased 
backlash (i.e. the feedback wire is still located in the 
spool hole, but the backlash between the feedback wire 
and spool hole is high due to the absence of the 
feedback ball) and loss of feedback (i.e. occurs when the 
feedback wire is too short and cannot reach the spool 
hole).  When the drive command signal is disabled, the 
final null position is affected by the force from the 
feedback wire pressing against the spool.  This results in 
an erratic null position when the servovalve is at idle, 
that may exceed normal operational limits.  In addition, 
spool position feedback is lost and the valve acts as a 
proportional valve, only. 
The servovalve was observed to behave differently 
during experimental trials, depending on which 
sub-failure mode is in effect.  Pilot pressure 
considerably increased when the loss of feedback failure 
mode occurred, reflected as an increased hydraulic gain. 
Simulation model parameters associated with this 
failure mode are:  hydraulic amplifier gain (parameter 
6); valve glitch (parameter 9); and, servovalve null 
(parameter 41).  The variation in the three model 
parameters can be matched with the induced failure 
modes, because when there are no failures introduced in 
the test rig, the diagnosis algorithm selects the nominal 
model parameter values (i.e. no failure condition) as a 
result of the classification.  When the model parameters 
6, 9 and 41 are compared against their nominal values in 
this set of experiments, broken feedback wire 

sub-failure modes can be qualitatively identified. 
Experimental analysis: Sticky spool  This failure 
mode is caused by the blockage of spool travel by 
contaminants between the spool and the bushing.  The 
maximum unbalanced force for the servovalve under 
investigation can be calculated [7]. 
The sticky spool failure mode was introduced through 
the use of o-rings located at both ends of the spool.  The 
o-ring specifications used, and the squeeze factor on 
each o-ring between spool and bushing, were used to 
calculate the radial diameter variation in the o-rings 
after being mounted.  The o-rings modified the 
servovalve’s performance, but performance remained 
within acceptable specification limits. 
O-ring influenced servovalve performance results were 
introduced into the diagnosis algorithm.  The increase in 
the sliding friction force introduced by the o-rings 
produced a close correlation between the simulation 
output and the actual hydraulic test rig output, even 
though no failure was apparent.  As the experimental 
servovalve was not available for testing to destruction, 
more significant friction inducing components could not 
be introduced to a modified spool.  This will be the 
subject of future study. 
Sticky spools are a significant problem in hydraulic 
systems, but the underlined cause is not well understood 
[8]. 
 
CONCLUSIONS 
 
This paper describes research that demonstrates that 
model-based simulation and optimization techniques 
can be used to diagnose failures in electro-hydraulic 
systems.  The research identifies new opportunities to 
further develop automated tasks that can dramatically 
increase the availability and reliability of 
electro-hydraulic systems.  The following specific tasks 
has been completed: development of a simulation model 
that replicates in detail the electro-hydraulic system 
used in the test rig; validation of the simulation model 
with real sampled data; parameterization of the 
simulation model with real sampled data: creation of 
model parameters; development of the diagnosis 
algorithm to optimize model parameters and match real 
sampled data; and, analysis of the diagnosis algorithm 
performance.  The diagnosis algorithm facilitates the 
analysis of subtle changes in the state parameters of 
electro-hydraulic systems.  The simulation experiments 
have shown successful results when diagnosing some 
subtle failure modes (i.e. clogged filter and broken 
feedback wire) introduced in the servovalve, but not in 
other experiments associated with almost imperceptible 
failure modes (i.e. sticky spool).  However, the 
simulation of the servovalve performance close matches 
observed servovalve behavior.  

 
 



Figure 1. Left: Simulation Model layout (yellow blocks = inputs, blue = outputs, orange = two active components under 
investigation, i.e. servovalve and linear actuator), and green = adjunct components   

Right: Fault diagnosis and tune-up flow diagram. 
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INTRODUCTION 
 
Hybrid vehicles are not a new concept; Justus B. Entz 
built the first petrol-electric hybrid vehicle in 1897 [1]. 
At the time of its development the electric system was 
mainly included to assist the acceleration of the internal 
combustion engine (ICE). Shortly after this prototype 
was built the capabilities of subsequent ICE's improved 
and removed the necessity to include the electric motor. 
Interest in hybrid vehicles resurged in the 1970's 
following the oil crisis and was driven by perceived 
advantages of hybrid drives [2]. Several different types 
of hybrid have been considered in the past and are still 
undergoing extensive research. The development of 
Electric Hybrids Vehicles (HEV's) which use a 
motor/generator and battery packs, resulted in 
commercial availability of such vehicles [3]. Mechanical 

Hybrid Vehicles (MHV’s), which use flywheels to store 
energy were less successful in commercialization, 
although a number of such vehicles were tried [4]. 
Hydraulic Hybrid Vehicles (HHVs), which use hydro-
pneumatic accumulators to store kinetic energy captured 
during braking and return energy to driveline during 
vehicle acceleration, reemerged only over the last few 
years as viable technology, especially in applications to 
larger vehicles. The development of Hydraulic Hybrid 
Vehicle (HHV) is the main topic of this paper. 
 

HYDRAULIC HYBRID CONFIGURATIONS 
 
A generic model of a power flow in a powertrain has 
three internal power paths, Figure 1.  In general, there is 
a power flow between three basic components: the 
engine ICE (the primary source of power), the wheel W 
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(transfer of motive power to the wheels) and the storage 
ESU (a generic device able to store and release energy). 
The energy storing capability the ESU block can be 
implemented in several ways, the most common being 
electrical, mechanical, and hydraulic. Using 
combinations of different paths we may derive three 
basic powertrain schemes. 
 

1

2 3

ICE W

ESU
 

Figure 1 Generic power flow model 
 
In Scheme 1, there is no ESU and the first possible 
energy converter between ICE and W (path 1) is the 
standard closed circuit hydrostatic transmission with a 
variable pump connected to a fixed or variable motor 
(with proper additional subsystems for boosting, limiting 
pressure and fluid replacement) and possibly 
complemented by a mechanical gearbox, Figure 2. In 
principle, a similar solution if offered by the so called 
hydromechanical units where the power follows two 
paths, one through shafts and gears, and the other 
through a hydrostatic transmission.  
 

ICE
Energy

Converter 1

 
Figure 2   Conventional driveline layout (Scheme 1) 

 
In Scheme 2 (serial - paths 2 and 3) the energy converter 
is a closed circuit hydrostatic transmission with a 
variable pump connected to a reversible motor (i.e. 
motor displacement can go from zero to maximum in 
both directions) and an accumulator in a high pressure 
line. The transmission, which is also known as secondary 
controlled transmission, has the usual additional 
subsystems and can be complemented by a mechanical 
gearbox. The primary feature of the transmission is its 
ability to recover a certain percentage of the braking 
energy of the vehicle.   This scheme offers a looser link 
between the speed of engine and wheels thus making 
possible to have more efficient engine operation. In 
principle, a similar solution could be implemented using 
a hydromechanical unit.  Figure 3 shows the driveline 
layout for the series hybrid vehicle. Energy converter 1 
represents a pump in a hydraulic circuit whereas energy 
converter 2 represents a hydraulic motor.  With the series 
hybrid, the ICE is effectively uncoupled from the road, 
i.e., the operation of the engine is independent of the 
vehicle operation. The vehicle is capable of regenerative 

braking to recharge the storage device, or by using the 
ICE, either during driving or when the vehicle is 
stationary.  
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Figure 3   Serial driveline layout (Scheme 2) 
 
In Scheme 3 (parallel – path 1 and path 3) a conventional 
mechanical transmission is inserted between the engine 
and the wheel block (path 1), while a hydrostatic 
reversible unit is inserted between the wheels and the 
storage block ESU, i.e. the accumulator (path 3). The 
driveline layout for the parallel hybrid (power assist, 
launch assist or add-on) is shown in fig. 4.  Both the ICE 
and regenerative system are able to add torque to the 
driveline at the same time, however the ICE speed is 
determined by the vehicle speed and the selected 
transmission ratio. The storage unit is recharged via 
regenerative braking, and depending on the position of 
the regenerative system and the clutch, can be recharged 
by the ICE whilst vehicle is stationary.  The operating 
condition for this scheme is generally the same as in 
Scheme 2, but it is clear that unlike the series hybrid, 
parallel hybrid vehicles can still be driven following the 
failure of the regenerative sub-system. 
Schemes 2 and 3 can be combined in a form of power 
split hybrid drive which uses a planetary gear set (CVT) 
to combine both the parallel and series configurations.  
This driveline configuration has the advantage of being 
able to operate the ICE at speeds independent of the 
vehicle, or even turn it off during periods of low 
demand. There is no gear shifting in this configuration, 
and the regenerative system is able to add or take power 
from the driveline depending on the demand. 
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        Figure 4   Parallel driveline layout (Scheme 3) 
 
HYDRAULIC HYBRID VEHICLES (HHV) 

 
This section of the paper briefly discusses past and 
current work in the field of HHVs. 



Laboratory simulations 
One of the earliest investigations into the hydraulic 
hybrid system for energy recovery was performed by 
Searl Dunn and Wojciechowski [5, 6]. From this initial 
research, using flywheel-accumulator apparatus, they 
concluded that well over 50% of the normally wasted 
kinetic energy during braking could be captured by the 
hydraulic system. Similar experiments were performed 
by Pourmovahed et al [7, 8] and by Maeda [9]. Although 
experimental results of these experiments differed, the 
above experiments provided some indicators regarding 
energy recovery of hydraulic systems. 
 
Computer simulations 
Simulation software packages for vehicle powertrain 
modeling are usually forward facing in which 
simulations begin with a driver model, which determines 
the vehicle input (accelerator and brake pedal 
displacements) through feedback control of the current 
vehicle speed. A backward-facing automotive 
simulation, e.g. the ADVISOR (ADvanced VehIcle 
SimulatOR) developed by the National Renewable 
Energy Laboratory (NREL) in the United States, begins 
the tire/road interface [10].  Calculation is made to find 
vehicle acceleration required to meet the given duty 
cycle over the time step. This acceleration is then used to 
calculate a wheel force and speed requirement, which 
works its way backward up the driveline towards the 
engine.  All simulation models discussed below are 
forward facing unless stated otherwise.  
A methodology for modeling of vehicles was proposed 
by Rubin et al [11], with further elaboration and 
discussions by Munns [12].  Elder and Otis [13] 
developed a computer model of the series type hydraulic 
hybrid vehicle. Their work covered several vehicle 
types, such as buses and delivery vans, but focused 
primarily on the urban passenger car. The study shows 
that the hydraulic hybrid powertrain is a feasible concept 
and that considerable gains are to be made in fuel 
economy and emissions reduction. 
In a study by Wu et al. [14], a small passenger car was 
the subject of a computer-based investigation aimed to 
find the optimum operating parameters for a series 
hybrid driveline with fixed component sizes.  Since in 
series hybrids the ICE can be operated at speeds 
independent of the vehicle speed, it was the goal of the 
researchers to find the optimum engine speed for a list of 
different control parameter combinations. It was 
concluded that for the 3000 lb passenger car a fuel 
economy of 60 mpg was attainable with a serial 
hydraulic hybrid system.  
Tollefson [15] evaluated the parallel hydraulic hybrid 
vehicle system. Model of the system was based on the 
baseline vehicle used by Wu et al. [14] and used the 
same control concept. The difference between the two 
studies was in the driveline layout, and selection of 
driving cycles used for the study. This investigation 

looked at the effectiveness of the hybrid system in two 
urban cycles (FUDS and NYCC) and one highway cycle 
(FHC). It was concluded that fuel economy of 65 mpg 
was attainable for urban driving situations, but little 
benefit was obtained for the open highway driving due to 
the lack of opportunity for regenerative braking.  
Heggie and Sandri [16] considered the series driveline 
arrangement with an additional mechanical-bypass 
feature. The results of this work showed, that the fuel 
economy of the hybrid vehicle could be increased by an 
additional 17% to 22% by inclusion of driveline de-
clutching during periods of constant velocity.  
Studies by Buchwald et al at the Denmark Technical 
University [17] were focused on two hybrid parallel 
buses (one equipped with an automatic transmission and 
the second bus equipped with a manual transmission) 
and a small delivery van, which was used as a mini 
prototype vehicle for model validation. The overall 
conclusion of this research was that a fuel saving of 25 
to 30% is possible with the hybrid hydraulic system. The 
experimental and simulated results were within 2% of 
each other.  
Kapellen et. al. [18] conducted a computer-based 
research focused on refuse collection trucks and 
compared four different powertrain configurations, two 
using accumulator energy storage and two using 
flywheels.  Four different hybrid configurations were run 
over a simulated garbage truck cycle to measure the 
potential fuel gains over an estimated baseline fuel use 
showed that hybrid powertrains could significantly 
improve fuel economy under urban driving conditions 
from around 63% to 128%. 
A novel hybrid concept, which utilized both hydraulic 
and electric technologies for a hybrid bus, was 
investigated by Chicurel and Lara [19].  The main idea 
behind the system was to reduce peak currents in the 
battery pack during hard braking by redirecting power to 
the hydraulic system. An estimate for the round-trip 
efficiency of the system was made at 60%.  
An extensive simulation work on the hybrid military 
truck was carried out by Stecki and Matheson at Monash 
University [20, 21, 22].  The work involved development 
of vehicle models for the purpose of parametric design 
studies, drive cycle performance analysis, control 
strategy development and fuel consumption estimates. 
Models of the system components were developed in the 
Matlab/Simulink environment, and then implemented the  
ADVISOR [10]. Additionally forward facing models of 
the vehicle were developed using Vissim [23] and 
verified against backward facing model by Kikker [24].  
 
Control strategy 
The control strategy used by Wu et al. [14] was based on 
a space allocation concept, that for a given vehicle 
velocity a certain amount of the accumulator volume 
must be reserved for regenerative braking, and the 
reminder must be used for power decoupling.  



Buchwald et al. [17] considered three different control 
strategies: an on-off strategy, a best efficiency strategy, 
and a constant ICE torque strategy, each with their 
associated advantages and disadvantages.  
Kapellen et. al. [18] in investigation of different hybrid 
configurations of the garbage truck used an on-off 
control strategy, which enabled the engine to be turned 
off when the energy stored was at a high enough level.  
System controlling Braking Energy Storage and 
Regeneration System (BER System) developed by 
Mitsubishi for installation onto Japanese city buses, 
Nakazawa [25], was realized via a look-up table type 
arrangement, where the load distribution between the 
ICE and the hydraulic system was determined by the 
accelerator pedal stroke. During vehicle cruising, when 
torque demand is low, the entire load is taken-up by the 
diesel engine. At stages when the torque demand is high, 
i.e. during acceleration or passing maneuvers, torque is 
sourced from both the engine and the hydraulic system. 
Hugosson [26] dealing with the Cumulo Hydrostatic 
Drive (CHD), a series type hydraulic hybrid bus 
developed in the early 1990's, focused on the control 
strategies employed for the secondary hydraulic unit, a 
variable displacement pump/motor that delivers torque to 
the output shaft. The primary unit was run from the ICE 
and was used to maintain system pressure in the 
accumulator to varying levels depending on the vehicle 
speed, in order to keep enough energy for regenerative 
braking.  
 
Prototype vehicles 
A passenger car prototype was developed by Shiber [27]. 
The vehicle used a powertrain in the power split 
configuration, combining a CVT with a hydraulic 
accumulator to store braking energy. This prototype 
vehicle completed nine ECE driving cycles and doubled 
the fuel economy in comparison with a vehicle without 
the hybrid system.  One of the earliest hydraulic hybrid 
projects was undertaken by MAN Machinenfabrik 
Augsburg-Nuernberg Ag. in Berlin, Germany [28]. 
MAN has had vast experience in hybrid bus prototype 
development, having worked on both flywheel hybrid 
projects (Gyrobus I and II) and hydraulic hybrids. A 
cost-benefit analysis of the MAN prototype hydraulic 
hybrid buses showed that the most likely payback period 
for savings on fuel and maintenance versus capital 
investment costs will be approximately 2.75 years for 
inner city operation, with a worst case being 4.9 years, 
and a best case of 1.6 years.  
Mitsubishi Motors Japan in 1987 developed the Braking 
Energy Storage and Regeneration System (BER 
System), for installation onto Japanese city buses [25]. 
The BER system, which utilized the power assist 
(parallel) driveline layout, was installed onto a standard 
city bus with a downsized engine from 165 kW to 125 
kW. The BER and standard buses were tested on a 
chassis dynamometer according to the M15 Japanese 

driving cycle, and a fuel saving of 30% was recorded. It 
should be noted that Mitsubishi hybrid buses are in 
production since 1996. 
Hugosson (26) presented a collective report on the status 
of hydraulic hybrid development at the Cumulo Division 
of Volvo Flygmotor. The development of Cumulo Brake 
Energy Drive (CBED), a parallel type hydraulic hybrid, 
began in 1983 and by 1985 several prototypes were in 
operation around Stockholm. An average reduction in 
fuel consumption was recorded at 16% to 25% for 
normal operation.  
The parallel hydraulic hybrid system on a 9700 kg city 
bus developed in the Mechanical Engineering Division 
of the Canadian NRC [29] showed during fuel economy 
trials on 30 mph constant speed cycle, with 5 stops per 
mile found a 19% improvement from the baseline 
vehicle. NRC in a three-way project with a Canadian 
trucking company FIBA Canning Inc. and Volvo 
Flygmotor installed the CHD system on a city bus and a 
refuse truck for fuel economy testing [30]. According to 
FIBA Canning a reduction in energy consumption 
utilizing BTU measurement of at least 50% and 
reduction in lubricants use by at least 90%. Similar 
finding for the hybrid garbage truck were reported. 
A Hydraulic Power Assist (HPA) SUV (recreational 
vehicle), a parallel hybrid, was developed by Ford Motor 
Company [31] in cooperation with Environmental 
Protection Agency of USA. Results of dynamometer 
tests produced a 23.6% saving in fuel consumption over 
the EPA Federal Test Procedure driving cycle. 
Environmental Protection Agency (EPA) of USA 
subsequently produced a comprehensive report on 
studies of hybrid drives comparing economics of running 
hybrid and equivalent conventional vehicles and 
concluded that there are sound economic and 
environmental reasons for application of hybrid 
hydraulic technology [32].  
The  Vehicle Research Institute, Technical University of 
Lodz, Poland, developed a prototype hybrid drive for a 
bus.  Tests showed that 10-12% saving in fuel and 
almost 50% lowering of toxicity of exhaust gases is 
achievable. The system is  Scheme 2 hybrid [33, 34]. 
 

 
Figure 5   Hybrid FMTV during fuel trials 

 
Permo-Drive Technologies Ltd, an Australian-based 



research and development company, focused its research 
on the development of a hydraulic parallel hybrid system 
for use on heavy vehicles, [35, 36].  In the development 
of hybrid technology, Permo-Drive and DANA 
Corporation have teamed up with the US military to 
develop a prototype US Army FMTV HHV tactical 
vehicle shown in Figure  5.  
 

HYDRAULIC HYBRIDS – THE ISSUES 
 
Some major issues in the development of hybrid 
technology are: 
• Safety – accidents involving hybrid vehicles with 

high-pressure energy stored in accumulators may 
present major hazards. Thus further advances in 
accumulator technology, hydraulic fuses (shutting 
accumulators when major leakage is developed) and 
leak proof fittings and valves are required. 

• Weight – hydraulic accumulators and components 
are heavy. This is not a major issue with heavy 
vehicles but even in heavy vehicles the hydraulic 
system may be 5-10% of total weight of the vehicle. 
Development of low weight accumulators using 
composite material should reduce the weight of 
systems. 

• Optimization of automotive powertrains usually 
aims to identify the best overall size of driveline 
components that maximize vehicle fuel economy, 
performance, and driveability within certain 
constraints. However it appears that two major 
factors influencing the fuel economy are the drive 
cycle and control strategy.  

• Control strategy will be of paramount importance to 
the acceptance of hydraulic hybrids.  Decisions 
related to charging and discharging functions, 
algorithms relating level of charging with position 
of swash plate, etc. will have to be considered. 

• Driveability of the hydraulic hybrid vehicle. As 
accumulator charging/recharging is a matter of 
second rather than minutes, the control system must 
assure that in the event of exhausting of hydraulic 
energy the driver must not notice any difference in 
driveability of the vehicle.  

• Availability of pump/motors. Direct hybrid drive, 
like in Permo-drive system, requires units with a 
very large speed (equal to shaft speed) and torque 
capabilities. As such units are not currently 
commercially available the transfer boxes (like in 
Cumulo system) and disconnect features allowing 
disconnect of the pump/motor units are currently 
used. 

• Design of energy storing systems – e.g. utilization 
of charge bottles. Conventional accumulators are 
only using approx. 50% of the volume to 
accommodate fluid between minimum and 
maximum pressure.  

• Defining performance of a particular vehicle, such 
as fuel economy, acceleration performance and 
gradeability, over a given drive cycle which can be 
used as the objective function in the optimization 
process. Constraints imposed on the optimization 
are established by the industry, such as the 
Partnership for the Next Generation of Vehicles 
(PNGV), a joint effort between the US government 
and major car manufacturers in the US.  

• In the case of hybrid vehicles, it is important to 
identify the target sizes for the energy conversion 
and storage devices so that the additional weight 
penalty is not too great, yet the system has enough 
capacity to successfully assist vehicle propulsion 
and capture the maximum energy possible during 
braking.  

 
CONCLUSION 

 
Current resurgence of interest in the Hydraulic-type 
Hybrid Vehicle (HHV) resulted in application of this 
technology to commercial and to lesser degree to large 
passenger vehicles. This paper provided overview of 
technology and discussed some design and safety issues, 
which are important to its success.  
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ABSTRACT 
 

As fluid power systems improve their performance, the demand for their safety and reliability increases and so the 
failure analysis plays an important role. In the product lifecycle, the failure analysis is performed before and after the 
launch of the product. The former is a kind of conventional risk analysis to prevent system failure in the design process, 
while the latter identifies the cause of a customer’s complaint; why the product cannot work as the customer expects. 
This paper considers an information management for the latter, which is divided into two processes: one is to answer the 
customer’s complaint, and the other is to improve the product quality. Based on its objective, a different kind of 
information flow must be organized. Since fluid power systems work in various operating conditions, the clear 
specification of environmental factors is essential. An illustrative example shows a simplified treatment process of a 
customer’s complaint. 
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INTRODUCTION 
 

As fluid power systems advance their performance, the 
demand for their safety and reliability also increases; a 
kind of risk assessment and management [1] becomes 
required through the lifecycle of fluid power systems. In 
the first step toward this goal, the failure analysis plays 
an important role in identifying problems latent in the 
subject system. Considering the product lifecycle, two 
types of failure analyses are identified: before and after 
the launch of the product. Before the launch, the failure 
analysis is performed as a part of conventional risk 
analysis to identify all possible causes of system failure 

to be considered in the design stage. Information 
necessary for the analysis can be collected and stored 
inside the organization or company. The object is to 
minimize the risk caused after the launch of a product. 
On the other hand, the failure analysis after the launch is 
mainly performed to identify the cause of a customer 
complaint; why the product cannot work as the 
customer expects. The main object is to maximize the 
customer satisfaction. Compared with the consumer 
products, the fluid power systems such as cranes are 
used under various conditions, which make it difficult to 
identify the cause of a system failure. It is necessary to 
obtain appropriate information from the customer such 



as the condition where the accident occurs or the 
product fails to meet its requirement. Further, for the 
identification of possible root causes and the planning of 
their countermeasures, the cooperation of design, 
manufacturing, and maintenance parts is as essential as 
in the failure analysis at the design stage. Since the good 
cooperation depends on the good communication among 
members, the management of information flow in the 
organization is important. 
The construction and evaluation of the information flow 
for the production system is extensively studied in [2-7]. 
As the quality of information flow depends on the 
quality of its contents, MIR (maturity of information 
reliability) concept is proposed for evaluation of 
information quality [2]. Using MIR, several case studies 
have been performed (for example, see [3-5]). Further, a 
guideline is proposed for building field feedback 
information flows using MIR revised with consideration 
of the span-of-control affecting the decision [6]. In [7], 
IDEF0 approach is modified to analyze a manufacturing 
enterprise. 
This paper considers an information management for 
the failure analysis after the launch of the product. To 
communicate appropriate information with the relevant 
parts and store the analysis results for the future 
reference in its design, manufacture, and maintenance, 
the overall task structure of the failure analysis is to be 
identified in analyzing information flow. For each task, 
necessary information flow is obtained as requirement 
to achieve its object. Comparing the information 
requirement with its current condition for each task, 
problems such as the loss of information flow can be 
identified. An illustrative example shows a simplified 
treatment process of a customer’s complaint. 
 

FAILURE ANALYSIS OF CUSTOMERS’ 
COMPLAINTS 

 
For the improvement of the product quality, the 
feedback from customers is very important. Usually, the 
feedback takes a form of complaint about the product 
like “this machine did not work as expected or specified 
in the catalog”, but this kind of superficial information 
is not valuable not only for the product improvement, 
but also for determination of an appropriate customer 
treatment. The root cause of the complaint must be 
identified so that an appropriate measure can be taken.  
For this purpose, the collection of the right information 
from the customer is essential. 
Classification of Customers’ Complaints 
From the viewpoint of customer satisfaction, the 
treatment of a customer complaint should be quick. This 
quick response requires that the cause of the complaint 
must be classified as the customer’s fault or the 
company’s fault as soon as possible. When complaints 
of the same type occur frequently, the answer to the 
complaint is easy. But, when an unexpected event 

occurs in the product, the failure analysis is necessary to 
investigate its cause. From the viewpoint of the 
readiness of response, the following customers’ 
complaints can be answered easily and quickly: 
1) Complaints on items listed in the manuals or 
checklist 
The treatment of the complaint is determined based on 
what item is wrong and its warranty. 
2) Complaints with similar cases in the past 
The treatment is to follow the past case similar to the 
present one. 
The response of the complaint in either case is (1) a 
gratuitous or onerous repair/replacement, or (2) an 
instruction on how to use the product appropriately. 
Although these quick responses may be satisfactory for 
the customer, the company or organization obtains no 
gain from customers’ information. The valuable 
knowledge for the improvement can be obtained from 
unfamiliar cases such as unexpected result of the 
product with/without following the user manual. The 
failure analysis can give the valuable information on the 
product quality and the customer usage. This process 
can be considered as a kind of learning process from 
failure cases to obtain their root causes. 
Requirements for Failure Analysis 
For the failure analysis to be effective for the 
improvement of product quality, the following points 
must be considered: 
1) The information on the field use of the product 
(especially, customer complaints) should be considered 
from the viewpoints of not only product warranty, but 
also design improvement.  
2) Loss of information on accident and customer 
complaints as time passes yields the reoccurrence of the 
past accident and the reduction of the opportunities of 
the technology transfer from a veteran to a freshman. To 
prevent this kind of problem, the transfer and retention 
of safety knowledge are essential.  
3) For the share of common information and exact 
informational transfer in an organization, it is necessary 
to investigate what knowledge should be stored from 
users’ viewpoint and how to coordinate the information 
flow in an organization. 
Considering these points, the information flow must be 
designed for the root-cause analysis of customers' 
complaints. 
Overview of Treatment Process 
A conventional organization in the product industry has 
the following divisions for the treatment of customers’ 
complaints as shown in Figure 1, where an arrow 
indicates a communication flow. 
1) Service Division (SD): A customer always contacts 
with SD about his complaint. 
2) Sales Division (SaD): SaD informs a customer on the 
current state of his treatment. 
3) Quality Assurance Division (QAD): QAD performs 
the main role in the root cause analysis of the customer  



 
Figure 1 Organizational Structure 

 
complaint. 
4) Product Development Division (PDD): PDD is 
further divided into three subdivisions: design, 
experiment, and control. They deal with the research 
and development of the product. 
5) Product Division (PD): PD deals with production 
engineering. 
6) Procurement Division (PrD): PrD contacts with the 
suppliers. 
At the first step, a customer submits his complaint to SD, 
which tries to answer it based on its experience. If SD 
cannot, SD asks QAD to deal with the root cause 
analysis of his complaints in cooperation with PDD, PD 
and PrD. Finally, the customer gets the answer from SD.  
Detailed Failure Analysis 
The situations where the detailed failure analysis is 
necessary are classified into the following four cases: 
Case 1: SD and SaD cannot deal with a customer’s 
complaint.  
Case 2: The product is broken, but its cause (failure) 
cannot be identified. 
Case 3: A component has a lot of customers’ complaints, 
which implies a quality problem. 
Case 4: A lot of cases with onerous repair occur, which 
implies that the revision of customer treatment may be 
necessary. 
The common feature among these cases is that the root 
cause of the complaint or failure cannot be identified 
and an appropriate measure should be taken 
immediately. The main object in cases 1 & 4 is to 
establish a new decision criterion about the treatment, 
while the object in cases 2 & 3 is to improve the product 
quality by understanding the abnormal phenomena. 

TREATMENT PROCESS OF CUSTOMERS’ 
COMPLAINTS 

 
To perform the detailed failure analysis to obtain the 
root cause of a customer’s complaint, a wide range of 
information on the use of a product is necessary. For 
example, how the product was used? Under what 
condition was the product? What was the product 
quality? Different parts of the organization must 
cooperate with one another to collect the information. 
For this purpose, a good communication is necessary so 
that the right person can get the right information. Since 
the object or output of a task can specify necessary 
information, the task structure or procedure for failure 
analysis of customers’ complaints must be understood 
first to design a good communication. 
Task Analysis  
To identify the task structure present in the organization, 
the overall task is analyzed as follows: 
Step 1: For each task component composing the subject 
task, identify its input information or material, its 
performer, and its output information or product. If 
additional requirements or conditions are necessary to 
perform the task component, they must be attached to it. 
Step 2: Based on the information obtained at step 1, the 
overall task structure can be easily obtained by 
connecting input and output with the same content.  
The task structure shows the relation between task 
components as well as the flow of information and 
material among task components. When some 
information is utilized, it is an output from some task 
component and inputs to other task components. Thus, 
unnecessary or useless information can be identified as 
one being no input to task components. 
Even if all the information is utilized, the overall task 
structure is not necessarily complete. This structure may 
have missing information. To complete the information 
structure, the following step must be supplemented.  
Step 3: For each task component to achieve its task 
objective or output, examine whether any additional 
information or material is necessary. If necessary, 
supplement it. 
Since an identified task corresponds to an information 
source, how to obtain necessary information can be 
determined easily. For the future reference to improve 
the design or the manufacture, additional information 
can be supplemented to the information management 
system based on how the information is used in the 
design, manufacture and maintenance of the subject 
system. 
Task Structure of Treatment Process 
Using the task analysis in the previous section, the 
treatment process of a customer complaint can be 
summarized as follows: 
(0) The customer makes a complaint against SD.  
(1) Can SD make the judgment based on the manual and 
the stored knowledge?  

Customer

Service Divsion

Sales Divsion

Quality Assurrance
Division

Product Development
Division

Product Division

Procurement Division

Product Company



 Yes: SD replies to the customer. [End]  
No: SD asks QAD for the judgment. Go to (2).   

(2) QAD performs the investigation & analysis with 
additional information from the customer through SD. 
Can QAD decide using the database of past analysis 
records?  
 Yes: QAD makes a report to SD. [End] 
No: QAD asks PDD for Investigation and analysis of 

uncertain items in the database. Go to (3) 
(3) With the answer from PDD and additional 
information from the customer, can QAD decide 
whether the problem is due to a design error or a 
customer problem?  

No: QAD requests Quality Measure Meeting (QMM) 
consisting of QAD, PDD, PrD (Production 
Div), SD, and SaD to solve the problem.  

Yes: Due to a customer problem: 
QAD makes a report with onerous result to SD. 
[End] 

     Due to a design error: 
     (a) If the cause is known, the appropriate measure 

is verified by QAD and Experiment of PD. 
[End] 

     (b) If a cause is unknown, QAD request QMM. 
Go to (4)-(b). 

(4) QMM discusses countermeasures for the problem 
with the additional from the customer and decides 
whether the problem is due to a design error or a 
customer problem?  
(a) Due to a customer problem: 
QMM makes a report with onerous result to SD. 
[End] 
(b) Due to a design error: 
QMM determines an appropriate measure, and asks 
QAD and Experiment of PD for its verification and 
validation. Go to (5) 

(5). PDD and PrD take the measures for quality (such as 
design revision and improvement of production 
process) to prevent the recurrence of the same 
problem, and planning for the next production. 
Verification and validation are also required for the 
measures. Go to (6) 

(6) PDV and PrD make the final report to QAD. Go to 
(7) 

(7) QAD reports the final result to SD and SrD reports 
to the customer. [End] 

Here, [End] indicates that the problem is solved or the 
process finishes. 
Evaluation of Treatment Process 
Although the business process is developed according to 
ISO9000, the information flow seems not necessarily 
effective as general comments in [2]. Since the task 
process is sequential as well as hierarchical, the 
information exchange among different divisions is 
restricted so that the response to the customer cannot be 
quick. Since QAD plays the central role in transferring 
information as well as analyzing the cause of a customer 

complaint, the failure analysis fails if QAD does not 
work appropriately. Further, the current object of QMM 
seems ambiguous because the duties of each member in 
QMM seem to be decided in advance by QAD. The role 
of QMM seems to be to confirm and transfer the 
statement. For the improvement of both product quality 
and information flow, QMM on customers’ complaints 
should be held regularly instead of the initiative of QAD 
so that all the divisions related to the product quality can 
share and understand the feedback from the customers 
as well as the background information on the objective 
of their own role and duties. This will also facilitate the 
interactions between the customer and SD in obtaining 
the appropriate information. Since the task analysis 
result shown above focuses on the treatment process of 
a customer’s complaint, the information flow should be 
also considered from the viewpoint of the retention of 
valuable information for future reference. 
 

ILLUSTRATIVE EXAMPLE 
 
This chapter discusses the first part of the treatment 
process of customers' complaints in detail, which 
determines whether the problem is due to a design error 
or a customer problem. Compared with conventional 
failure analysis, this part considered as a kind of 
diagnosis decision based on the observational data. The 
second part which identifies the root cause of a 
customer complaint corresponds to a conventional 
failure analysis. 
Task Description 
Consider a system failure “The arm of a hydraulic crane 
fell down by itself”. Figure 2 shows the schematic 
diagram of the crane related to this example. A customer 
calls up SD about this accident. SD inquire the customer 
about the overall condition. The first concrete 
information is: 
(C1) There was an oil leak from the holding side of the 
derrick cylinder. 
Then, the process of question & answer continues 
between the customer and SD according to the task 
analysis shown in Task Structure. 
The parts related to the system failure are (P1) hose, 
(P2) joint at the holding side, (P3) holding valve, and 
(P4) cylinder. The failure analysis in this step is to 
identify the failed part and examine its condition. The 
failed conditions to be considered for each part can be 
summarized as below. 
(P1) Hose: 
1. The hose at holding side of the derrick cylinder was 

cut. 
2. The hose at the holding side of the derrick cylinder 

was burst. 
3. The hose at the holding side of the derrick cylinder 

was torn loose. 
4. The joint of hose at holding side of the derrick 

cylinder loosened. 



 
 

Figure 2. Schematic Diagram of Crane 
 
(P2) Joint: 
1. The joint at the holding side of the derrick cylinder 

loosened. 
2. The joint at the holding side of the derrick cylinder 

was damaged. 
(P3) Holding Valve: 
1. Attachment bolt of valve of the derrick cylinder was 

loosened. 
2. The seal of the valve of the derrick cylinder was lost. 
3. The seal of the valve of the derrick cylinder was 

damaged. 
4. The valve armor of the derrick cylinder was damaged. 
(P4) Cylinder: 
1. The cylinder of the derrick cylinder had a crack in an 

externally damaged part. 
2. The cylinder of the derrick cylinder had a crack in a 

welding part. 
3. The seal at the cylinder of the derrick cylinder was 

damaged. 
Depending on the customer’s information on the failed 
part, SD must determine whether the failure is due to 
the customer’s fault or design fault. For this purpose,  
SD performs a field check to confirm the customer’s 
information and collects additional information from the 
customer. 
If the failed condition is different from the above list, 
SD asks QAD for their help to identify how the system 
failure occurred. 
Onerous Service vs. Gratuitous Service 
After the failed part and its condition are identified, the 
problem is to determine whether the customer has to 
pay the repair cost or not. For this purpose, the 
additional information must be checked as follows: 
(P1)-1:  

Is the externally caused damage is expected? 
If no, onerous service. Otherwise, gratuitous one.  

(P1)-2, 3, & 4: 
  Is the damage caused in its normal use? 
  With excessive load, beyond the temperature 

boundary, over the service life: onerous service. 
  With hose joints loosened: depending on the warranty 

period. 
(P2)-1 & 2: 
  Is the damage caused in its normal use? 
  With excessive load: onerous service. 

With joints loosened: depending on the warranty 
period. 

(P3)-1: 
  Depending on the warranty period. 
(P3)-2 & 3: 
  Decomposition examination of the valve is necessary. 
  With excessive load: onerous service. 
 Attachment error of the seal, or manufacturing error 

of the valve: gratuitous service. 
(P3)-4: Onerous service. 
(P4)-1: Onerous service. 
(P4)-2: 
  With excessive load: onerous service. 
  Over the service life: depending on the warranty 

period. 
(P4)-3:  

Decomposition examination of cylinder is necessary. 
With excessive load: onerous service. 
Over the service life: depending on the warranty 
period. 

Even if the situation does not fit any case in the above, 
the detailed examination must be performed by QAD. 
This corresponds to the start of the second stage or the 
conventional failure analysis procedure. 
 

CONCLUSIONS 
 
This paper considers the failure analysis to identify the 
root cause of a customer complaint. Compared with the 
failure analysis in the design process, the detailed 
information on the failure is uncertain. Thus, the 
cooperation among different divisions in a company is 
essential to collect the right information, which requires 
their good communication. Based on the task structure 
of treatment of a customer complaint, the 
communication or information flow can be evaluated. 
Task analysis of a simplified process in the illustrative 
example points out the redundant information flow 
structure. One is to satisfy the customer satisfaction, and 
the other is to improve the product quality for the 
prevention. Since this paper focuses only on the task 
structure or information flow structure, the evaluation of 
consistency of required information with provided 
information must be checked. Thus, the evaluation of 
contents and quality of information as well as the 
effective use of documentations obtained from the 



analysis is our next step toward the design of 
information management for the failure analysis of a 
customer complaint. 
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ABSTRACT 
 

This investigation aims to develop an intelligent hybrid pneumatic-piezoelectric servo positioning system with high 
response, large stroke and nanometer precision. The rodless pneumatic cylinder serves to position in coarse stroke and 
the piezoelectric (PZT) actuator compensates fine stroke. Thus, the overall control systems become a dual-input 
single-output (DISO). Although the rodless pneumatic cylinder has relative higher friction force, it has the advantage of 
mechanism for multi-axes development. In order to develop an intelligent controller, self-organizing fuzzy sliding mode 
control theory (SOFSMC) is proposed here for the DISO system. SOFSMC is based on fuzzy sliding mode control 
(FSMC) combining with self-organizing strategy. Thus, SOFSMC has simple fuzzy rule base and on-line self- 
organizing ability. Besides, in order to reduce the coupling effects of the DISO system, a decoupling controller is 
developed. The experimental results clarify that the servo pneumatic-piezoelectric control system can achieve excellent 
positioning response and accuracy of 20 nm with high response for maximum stroke of 250 mm and multi-step 
positioning. 
 
 

 
KEY WORDS  

 
pneumatic-piezoelectric, positioning control, large stroke and nanometer accuracy and self-organizing fuzzy sliding 

mode control. 
 
 
 

INTRODUCTION 
 
Pneumatic servo positioning control systems have the 
advantages of high response, easy maintenances and 
cleanliness. However, the non-linearity of pneumatic 
systems, such as friction force, restricts the positioning 
accuracy. Research about the field of pneumatic servo 

control has been developed since 1954. Control 
algorithms, such as PID control, state space control and 
adaptive control of pneumatic servo control system 
were developed via higher speed microcomputers in 
1980s. However, the robustness and the control 
accuracy of pneumatic cylinders in the past research are 
still unsatisfactory due to the high non-linearity and the 
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compressibility of compressed air, so that till now 
pneumatic servo control is still not widely used. Some 
research [7,8] paid attentions to the influence of 
non-linearity on pneumatic servo control systems, such 
as stick-slip effect. The stick-slip effect, which results 
mainly from friction force of pneumatic cylinders, 
makes pneumatic cylinders unable to keep steady 
motion in low velocity conditions. Therefore, the 
non-linear problems complicate pneumatic servo control 
so that modern control strategies are essential. 
Self-tuning adaptive control was used in the position 
control of pneumatic servo cylinders for adapting 
control parameters on-line such that the positioning 
accuracy of 5 µm in no loading conditions was 
achieved [5]. The additional velocity feedback is 
inserted in the position control for compensating the 
influence of friction force. [15].  
Because the characteristics of the servo pneumatic 
driving seriously restrict the positioning accuracy, it can 
be improved by means of combining with other 
actuators. Piezoelectric actuators are developed in 
recent years and already applied in many different fields. 
One of the application examples is the hard disk reader 
control system [9]. The piezoelectric actuator works as 
the second stage positioning combined with an electric 
motor that operates as the first stage positioning for 
improving the positioning accuracy of the hard disk 
driving. The overall system is a dual input single output 
(DISO) control system. So, the PQ-method was 
introduced to simply the DISO control system into a 
single-input single-output (SISO) system, but 
mathematical models of the two subsystems are 
necessary for this method. Besides, the piezoelectric 
actuator, which generates high frequency impact force 
by open loop control, is combined with the servo 
pneumatic driving system in order to reduce the friction 
force effects. The total stroke and the positioning 
accuracy can reach 2 mm and 1 µm [4]. The research 
group of Chiang [3,16] has engaged in 
pneumatic-piezoelectric servo positioning control since 
2000 and has some results [3,16]. The pneumatic 
cylinder with double rod is combined with piezoelectric 
actuator can achieve 180mm stroke and 0.1 µm that is 
the minimum resolution of the linear scale used in this 
paper. From Reference [3,16], the possibility of the 
nanometer accuracy of the pneumatic-piezoelectric for 
large stroke could be expected. 

F  

R

P

This study aims to develop an intelligent hybrid 
pneumatic-piezoelectric actuator for high response, 
large stroke of 250 mm and high precision of 20nm 
positioning control, which includes a pneumatic servo 
cylinder and a piezoelectric actuator. The servo 
pneumatic cylinder serves to coarse positioning with 
high speed and large stroke; the piezoelectric actuator 
positions in precision range for compensating the 
influence of friction force and for achieving large stroke, 
high response and high positioning accuracy at the same 

time. The overall control systems have complex 
dual-input single-output (DISO), and coupling 
interaction exists between the two subsystems. 
Therefore, a new control strategy of decoupling 
self-organizing fuzzy sliding mode control (DSOFSMC) 
is developed in this investigation. Self-organizing fuzzy 
sliding mode control (SOFSMC) is used for designing 
the two positioning controller and a decoupling 
compensator for on-line weighting the two subsystems 
according to control error and error rate.  
 

TEST RIG LAYOUT 
 

The new high precision pneumatic-piezoelectric hybrid 
positioning control system developed in this paper 
contains a pneumatic servo system and a piezoelectric 
servo system, as shown in Fig. 1. Table 1 specifies the 
main components.  
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Table 1 Specification of the test rig 
Components Specifications 

odless cylinder Diameter 25mm 
Stroke 317mm 

PZT actuator 
Stroke 90 µm 
Freq. 15kHz 
Voltage 0~150 V 

ZT amplifier Input :  0~5V 
Gain: 30 

ADDA card 12bit  D/A 
D/I, D/O 

Servo valve 5/3, input: 0~10v

Linear scale Range: 450mm 
Accuracy 20nm 

Counter card 3x 24-bits counters
1.0MHz Input Rate 

Compressor 5HP、0.38KW 



The pneumatic servo system mainly consists of a 
pneumatic source, a servo valve and a double acting 
rodless cylinder. In order to improve the positioning 
accuracy of the pneumatic cylinder, a piezoelectric 
actuator with a stroke of 90 µm is mounted on the 
pneumatic cylinder via an adaptor. Hence, the 
pneumatic cylinder and the piezoelectric actuator drive 
the loading mass simultaneously. In addition, a linear 
encoder with the resolution of 20nm is necessary for 
measuring the overall position, which is the sum 
displacement of the pneumatic cylinder and the 
piezoelectric actuator. The measuring signals of the 
linear encoder are fed back to the control computer via a 
decoder and a digital I/O converter. The control signals 
of the pneumatic servo valve and the piezoelectric 
actuator are given from the control PC with the 
sampling time of 1 ms via D/A converters and enlarged 
by a servo amplifier and a piezoelectric amplifier 
respectively. 
 
Therefore, the overall control systems have dual-input 
single-output, which is shown in Fig. 2 to illustrate the 
complex block diagram of the overall control system. 
The servo pneumatic cylinder serves to coarse 
positioning with high speed and large stroke and the 
piezoelectric actuator positions in fine stroke for 
compensating the influence of friction force. The 
position control of the two control systems, namely 
pneumatic servo system and piezoelectric servo system, 
performs at the same time. Therefore, the integrated 
overall system can achieve large stroke, high response 
and high positioning accuracy simultaneously. 
 
 

DECOUPLING SELF-ORGANIZING FUZZY 
SLIDING MODE CONTROL 

  
In this study, decoupling self-organizing fuzzy sliding 
mode control (DSOFSMC) is developed for solving the 
DISO control problem, decreasing the fuzzy rule 
numbers and on-line self-organizing the fuzzy rules. 
DSOFSMC contains, self-organizing fuzzy sliding 

mode control (SOFSMC) and decoupling controller. 
Figure 3 schematically depicts the control block 
diagram of the SOFSMC.  
 
Self-organizing fuzzy sliding mode control  
Consider the state vector of a second order system as 

Txx ],[ &=x              (1) 
The tracking error of the state vector is defined as 

T
dd

T xcxcxxece ],[],[ −−==−= xxe d    (2) 
where  and  indicate the desired output and the 
desired output change rate. The fuzzy sliding surface is 
described as  

dx dxc

ZEROeec =⋅+= )( ασ         (3) 
where α  is a positive constant. The fuzzy sliding 
surface ZERO=σ  is a straight line with slope α  in 
the phase plane, as shown in Fig. 3(a). The sliding 
surface can be divided into 7 sections by the 
membership function set of 

},,,,) ,,{~( PBPMPSZRNSM NMNB=σ . The member- 
ship function set for the control input u is defined as 

},,,,) ,,{~( PBPMPSZRNSuM NMNB= . Therefore, the 
fuzzy sliding mode control can reduce the fuzzy rules 
into 7 rules via the fuzzy sliding surface σ , shown in 
Fig. 3. The Mamdani method is used in the fuzzy 
inference and the centroid method is used for 
defuzzification. 
The self-organizing modifier of the SOFSMC is 
designed by self-organizing fuzzy control theory for 
on-line adapting the fuzzy rules according to the 
variations of working points and external disturbance. 
The detailed derivation of the self-organizing modifier 
is shown in [17]. 
the ith rule can be modified by the modifying value u∆  
through an exciting intensity   iw
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where the exciting intensity w  is the grade of i
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Figure 4 Decoupling self-organizing fuzzy sliding-mode control 
bership. According to the normalized fuzzy sliding 
ace σ~ , two rules, the ith and (i+1)th rules, are 
ted and modified at the same time. Therefore, the 
y rules of the SOFSMC can be described as  

(nTi )()(RULES)LES nT
M

wnTT
s

s
ii σ
γ

+=+   (5) 

oupling controller 
rder to solve the structure coupling interference, the 
upling controller designed by SOFSMC is merged. 

 output of the decoupling controller can be 
idered as weighting functions for the two 
ystems in the DISO system.  

troller design for DISO using DSOFSMC 
re 4 shows the control strategies to solve the DISO 

em using DSOFSMC. The overall systems contain 
neumatic controller, the piezoelectric controller and 
decoupling controller that are designed using 
SMC.  

 
EXPERIMENTAL RESULTS 

 
re 5 shows the test results of the positioning control 
 250 mm stroke in the pneumatic-piezoelectric 
tioning system using SOFSMC and DSOFSMC 
ectively. Figures 5A describes the control 

performance of SOFSMC and Figs.5B show that of 
DSOFSMC. The step response of the positioning 
control, control input of pneumatic system, control input 
of piezoelectric system and the error zooming are shown 
respectively. The steady state error of the SOFSMC can 
reach about 0.1µm with high frequency vibrations. 
Through the compensation of the decoupling controller, 
the steady state error of the DSOFSMC is smooth and  
he settling time ( <0.5µm) is 3.695 sec and the steady 
state error can reach 20nm, as shown in Fig.5B(c).  

e

The rising time in the test rig is limited by the 
transformation speed of the counter card. If the counter 
card with higher speed and support of real-time demand 
is used, the rising time can be improved significantly. 

 
CONCLUSIONS 

 
A novel large stroke and high precision 
pneumatic-piezoelectric hybrid positioning control 
system is well developed and verified experimentally in 
this study, which contains a pneumatic servo cylinder 
serving for high speed, large stroke positioning and a 
piezoelectric actuator positioning in fine stroke. The two 
controllers work in parallel and the two position outputs 
are added in cascade. Such complex dual-input 
single-output systems are solved by the DSOFSMC 
both for the pneumatic cylinder positioning control 
system and the piezoelectric positioning control system 
as well as the decoupling controller. The DSOFSMC 
developed in this paper incorporates fuzzy sliding mode 
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Figure 5 Experimental comparison of pneumatic-piezoelectric positioning control with SOFSMC and DSOFSMC
(a) step response of 250 mm, (b) pneumatic control input, (c) PZT control input, (d) error zoom. 
control, self-organizing modifier and decoupling 
controller. The test results show that the developed 
pneumatic-piezoelectric positioning control system can 
achieve 20nm accuracy for 250 mm with high response. 
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ABSTRACT 
 
Neither high accumulation nor densification on micro mechatronics are so advanced comparing with semiconductor 
devices. Our research aims at the establishment of design and fabrication to perform miniaturization, high accumulation 
and high densification by integrating mechano-micro elements. In difficult assembly of these elements, a 
stereolithography method is used to form the entire micro fluid power systems in all-in-one design including actuators, 
pumps and valves. In this paper, prototype models based on a bourdon type and diaphragm type of micro fluid power 
devices are fabricated and experimentally investigated. Some problems regarding design and fabrication of micro fluid 
power systems are discussed. 
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Actuator, Bourdon tube, Diaphragm, ECF, Stereolithography 
 
 
 

NOMENCLATURE 
 

a,b：transverse section length diameter, short diameter 
E：modulus of elasticity of material 
g : acceleration gravity 
h：wall thickness of bourdon tube 
Pa：internal pressure of tube 
Pp : output pressure of pump 
R：curved radius of bourdon tube 
∆R：change in curved radius 
S：displacement of tube tips 
λ：a2/Rh 
θ：arc angle of bourdon tube 
 

 
INTRODUCTION 

 
In 1989 gear trains and motors on a wafer have been 
firstly reported by using the semiconductor micro 
fabrication technology in U.S.A [1]. Semiconductor 
processing technology applied to these fabrications has 
touched off since the latter half of 1980's, and the 
research specialized in microscopic environment has 
begun to be paid to attention rapidly all over the world. 
The research on the micro nanotechnology has been 
carried out as seeds in a wide range of fields such as 
information and communication technology, mobile 
machine, manufacturing and inspection, and medicine 
and biotechnology. Moreover, it is the most important 
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technical issue to develop new concept of devices with 
the best use of characteristics on not only a 
miniaturization of conventional products but also 
emphasis of future in microscopic environment. 
Recently there are many micro integrated elements such 
as micro mirrors and acceleration sensors applied to the 
semiconductor manufacturing process for the practical 
use [2],[3]. These elements are made on the flat surface 
of the silicon wafer with fine fabrication and high 
integration. Therefore, application of these elements has 
been limited within the practical use of sensors with the 
control of electronic and optical signals. 
On the other hand, neither accumulation nor the 
integration of various elements in micro mechatronics 
devices are so advanced comparing with the 
semiconductor devices. The mechatronics device has 
functions of sensors, actuators and mechanism, and 
signal processing. It is difficult for the micro 
mechatronics device to manufacture and assemble 
complete parts under microscopic world. Under the 
microscopic world, adsorption, friction, viscocity and 
abrasion originated on the surface phenomenon have 
much influence on the performance, energy efficiency, 
durability and reliability of the micro mechatronics 
device. 
The component with mechanical moving parts is not 
suitable for the structure of micro mechatornics system 
because of large power consumption. Moreover, it is 
difficult for the micro mechatoronics system to assemble 
many parts in three dimensional configuration. Therefore, 
it is preferable to produce it with a complete part where 
the mechanism is simple and the parts size few as much 
as possible. 
Various actuation principles, for example piezoelectric, 
electrostatic and thermal expansion have already been 
reported for the micro actuation system [4]. However, 
fluid power actuation system has a great potential to 
realize large output power density comparing to the 
conventional actuation system under the microscopic 
environment [5]. In conventional fluid power actuation 
system, however, there are many mechanical parts in the 
system, for example valves for actuator control and 
pumps for power source. 
Our research aims at the establishment of design and 
fabrication to perform miniaturization, high 
accumulation and high densification by integrating 
mechano-micro elements. In difficult assembly of these 
elements, a stereolithography method is used to fabricate 
a three dimensional structure of the entire micro fluid 
power systems in all-in-one design.  
 
 
CONCEPT OF MICRO FLUID POWER SYSTEM 

 
Our final goal is to develop a new micro fluid power 
system fabricated by the stereolithography. The device 
consists of four modules, a signal and sensor module, a 

pump module, a valve module, and an actuator module. 
We call this device the S2-PVA unit. Figure 1 shows a 
concept of the S2-PVA unit with accumulating, 
integrating, miniaturizing and high performance on one 
single-chip. This is all-in-one design and fabrication unit 
consisting of the actuator, the valve, the pump and the 
sensor modules and functions. 

Figure 1 Concept of micro fluid power system 

In this paper we report a trial manufactured and an 
experimental investigated pumping and actuation devices 
for the actuator module and the pump module by the 
production technique of the stereolithography. 
 
 

FABRICATION BY STEREOLITHOGRAPHY 
 
In the micro processing and micro fabrication, it is 
difficult to assemble parts on the three dimensional (3D) 
structure. Prof. Ikuta has pointed out that an optical 
prototyping has advantage of production for 
micromachining [6]. Conventional micromachining has 
made only a two dimensional structure. However, a 
three-dimensional micro processing becomes possible by 
using the optical prototyping. Moreover, the optical 
prototyping method has the potential of processing one 
time as the internal configuration also included a 
complex solid model.  
In this study, the 3D optical rapid prototyping method, 
stereolithography, is used to manufacture the each 
module for the micro fluid power system. Figure 2 shows 
the optical prototyping process based on a 3D CAD data. 
The forming process irradiates the ultraviolet laser 
(Nd:YVO4) to optical thermosetting property of the 
liquid based on the 3D CAD data, and cures the resin. 
The 3D shape of prototyping objects can be made by 
accumulating layers of a certain constant thickness [7]. 
The stereolithography (3D Systems Co. Viper si2 SLA) 
used in our research has the accumulating pitch of 50 
microns or less. The material property of the resin after 
curing greatly influences the performance of the 
fabricated object when the forming thing is used as 
actuator using the material deformation. The material 
property after hardening of the resin (the Accura SI 10 
Material) used in our experiments are tabulated in Table 
1. 
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 The material property of the resin is measured at final 
curing after irradiating ultraviolet rays during 90 
minutes. 
The stereolithography is a new layering technique to 
fabricate three-dimensional structure of the solid model.  
A fabricated angle is the important design factor for the 
stereolithography to fabricate the layered object. Figure 3 
shows the fabricated angle of the layered models.  
Three types of the layered model as shown in Fig.3 are 
experimentally investigated to consider the fabricated 
angle of the layer in the stereolithography. The fabricated 
angle ψ is defined with the respect to the x-y plane on the 
table (horizontal flat surface). The fabricated angles are 
selected for experiments in the case of ψ=0°, 45° and 90°, 
respectively. 
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Figure 3 Layer models for fabricated angle 
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Figure 2 Process of stereolithography 

 
ACTUATOR MODULE 

 
In this section two types of actuator for the actuator 
module of the micro fluid power system are described. It 
has already been shown that the output power density 
rises as for the fluid actuator under the microscopic 
environment [5]. Some fluid motors and the elastic 
deformations using the fluid power have been reported 
[8], [9]. These actuators have a simple structure and no 
mechanically operating parts, so that the friction does not 
influence on the performance of the actuators. Also the 
power density (power/weight ratio) rises when 
decreasing dimensions under the microscopic 
environment. In this paper, we propose bourdon tube 
type and diaphragm type actuators using the elastic 
deformation with the fluid power.  
 
Bourdon tube actuator 

 
Tensile Stren
Elongation a
Tensile Mod
Flexural Stre
Flexural Mo
Impact Stren
Glass Transi
Hardness, Sh

Figure 4 shows the geometry of the bourdon tube 
actuator. Dimensions of the actuator are tabulated in 
Table 2. The bourdon tube actuator has a high weight 
torque ratio and small coefficient of friction because of 
structurally no sliding surface [10], [11]. The bourdon 
tube actuator is fabricated by the stereolithography to 
accumulate a number of the layer. The each layer has a 
thickness of 50 µm that is the minimum fabricated layer. 
A tip of the bourdon tube deforms in response to the 
applied pressure in the tube. The displacement of the tip 
S is given by the following Eq.(1).   

 

Table1 Properties of material 

Accura SI 10 Material
gth 62 - 63 [MPa] 
t Break 3.1 - 5 [%] 
ulus 3048 - 3255 [MPa] 
ngth 89 - 97 [MPa] 
dulus 2827 - 3102 [MPa] 
gth (Notched Izod) 18.7 - 27.7 [J/m] 
tion, Tg 61.7[°C] (143.1[°F])
ore D 86 
RS ∆⋅+−−= 2sin2)cos1(2 θθθθ   (1) 
 
where θ is the arc angle of the bourdon tube，∆R is the 
change of the bourdon tube curved radius. And the 
change of the bourdon tube curved radius ∆R is written 
as follows. 
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where Pa is the internal pressure in the bourdon tube，R is 
the radius of the bourdon tube，E is the Young’s modulus,   
h is the wall thickness of the bourdon tube，a is the 
length of the long axis in the oval across the transverse 
section, respectively. Coefficients λ (= a2/Rh), K1 and K2 
are determined by the shape of the cross-section of the 
bourdon tube and the length ratio. In this study K1 and K2 
is given as 0.11 and 0.90, respectively. Moreover, the 
aspect ratio ν (=b/a) is given as 0.43 across the oval 
section [12]. 
 

 
 

Figure 5 shows the system configuration chart used by 
the fundamental experiment for the characteristics of the 
actuator. The compressed air is used for the power source 
in the experiment. 
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Figure 6 Static characteristics of bourdon tube 
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Figure 4 Bourdon tube 

Figure 6 shows the experimental result of the static 
characteristic of the output displacement of three kinds 
of bourdon tube actuators with the different fabricated 
angle. The output displacement is proportional to the 
supplied pressure. The output displacement nearly 
depends on the fabricated angle ψ. There is no hysterisis 
property between the supplied pressure and the 
displacement.  
The change of the theoretical displacement calculated 
from Eq. (1) and Eq. (2) is also plotted in Fig.6. For 
example the bourdon tube actuator with the fabricated 
angle ψ=45° has the displacement of 2.84mm under the 
supplied pressure condition of 0.1 MPa. The 
experimental value is below 2/3 comparing to the value 
calculated from Eq. (1). Uniformed materials are 
assumed to derive the theoretical value by Eq. (1). The 
structure of the bourdon actuator fabricated by the 
stereolithography is, however, layered and aeolotropic.  
Therefore, the fabricated angle influences elastic 
deformation of the actuator and it causes smaller values 
Air SupplyRegulator
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Figure
Table 2 Dimension of bourdon tube  

 [mm] b [mm] h [mm] R [mm] θ[rad]

5.25 2.25 0.5 10 4.712
 5 System configurations for experiments compared with the theoretical ones. 
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The step signal is applied to the solenoid valve as an 
evaluation of the dynamic characteristics of the actuator. 
Figure 7 shows the experimental results for the step 
response of the actuator. The steady state values in the 
fabricated angles ψ=45° and 90° are larger than that in 
the angle ψ=0°. Thus there are found that the fabricated 
angle ψ greatly influence on the response of the actuator. 
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Figure 9 Static characteristics of diaphragm actuator 
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Figure 10 Dynamic characteristics of diaphragm 

actuator 

The bourdon tube actuator is easily fabricated by the 
stereolithography. The output displacement of the 
actuator and dynamic characteristics are significantly 
influenced by the direction of the fabricated layer 
structure. The fabricated angle is one of the important 
factors to design and fabricate the actuator by the 
stereolithgraphy.  
 
Diaphragm actuator 
Figure 8 shows geometry of the fabricated diaphragm 
actuator by stereolithography. The whole film for the 
diaphragm is made by the curing resin. The shape of the 
diaphragm is a circle with a diameter of 5mm and the 
film thickness of 0.1mm. The surface film of diaphragm 
is fabricated under the condition of only ψ=90° for the 
fabricated layer angle. The film of the diaphragm has a 
very thin membrane so that the fabrication has resulted in 
failure in the case of the fabricated angle ψ=0° and 45°. 
The output displacement and the dynamic characteristic 
are measured by using the pneumatic system shown in 
Fig.4 as well as the experiment for the bourdon tube 
actuator.  
Figure 9 shows the experimental results for the static 
characteristic of the diaphragm actuator. There is a large 
nonlinear and hysteresis characteristic between the 
output displacement and supplied pressure to the 
diaphragm. The internal stress stays in when the resin is 
cured under the ultraviolet. Figure 10 shows the step 
response for the diaphragm actuator. 
The diaphragm actuator is easily fabricated rather than 
the bourdon tube actuator. But the performance of the 
actuator depends on the film of the diaphragm. In this 
time, the prototype of diaphragm actuator is fabricated as 
all-in-one design by using the stereolithography. But the 
stereolithgraphy method using this study could not 
fabricate thin film.  
 
 

 

 
 

PUMP MODULE 
 

In this section we consider about the pump module. 
Functional fluid ECF (Electro-Conjugate Fluid) is used 
to be pumping function for the pump module. The ECF 
occurs the jet flow that is impressed high electrical 
voltage of direct from a positive electrode to a negative 
electrode inserted into the fluid [8]. 
Figure 10 shows structure of the multistage ECF pump 
module made for trial purposes in this study. A number 
of electrodes are installed in a pipe with an inner 
diameter of 2 mm. These electrodes have a spacing of 
0.4mm and a diameter of 0.1mm. The coupled electrodes 
are displayed to the series in 5mm spacing for the type of 
the multistage amplification. Dibutyl decanedioate 
(DBD) type ECF is used for experiments. The electrical 
voltage is applied to each couple of electrode from 0kV 
to 5kV. The output pressure (Pp) of the actuator is 
measured by manometer type of pressure sensor.  

Diameter 
φ =5mm

Thickness t =0.1mm

Layer

DiaphragmDiameter 
φ =5mm

Thickness t =0.1mm

Layer

Diaphragm

Figure 8 Diaphragm actuator 

Figure 12 shows the experimental result of the output 
pressure using multistage ECF pump. The output 
pressures have changes of quadratic curve with a little 
hysteresis according to the applied voltage. Moreover, it 
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appears to obtain an enough output pressure by 
increasing number of the electrodes. 
It is possible to use the multistage structure of ECF pump 
as the pump module. The fluid power source using the 
ECF can be embedded in the main body of the micro 
systems and can be effective as driving source of the 
micro actuator. For example these fabricated parts such 
as actuators and pumps are able to contribute on one 
single-chip, it may realize to the simplification of the 
assembly process. 
 
 

CONCLUSION 
 

The bourdon tube actuator and the diaphragm actuator 
are fabricated for trial purposes by using the 
stereolithography. It is experimentally verified that these 
actuators have performed by using the fluid power. 
Moreover the multistage ECF pump is a powerful source 
to supply necessary power to the actuator for the micro 
fluid power system. The stereolithography method to 
fabricate the actuator is the unique technique to integrate 
and miniaturize some complex parts under the 
microscopic environment. It is suitable principle for the 
micro actuator to deform elastically materials without 
mechanical moving parts. It is clearly pointed out for our 

experiments that the fabricated angle for the 
stereolithography is the most important factor to design 
and fabricate the actuators. It is clarified for all-in-one 
design unit consisting of the actuators and the pump 
module to use the stereolithography for fabrication. 
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ABSTRACT 
 

For millimeter-sized fluid-driven micromachines performing power-needed tasks, we proposed a novel micropump 
using fluid inertia in an outlet pipe. The paper describes the pump structure for higher output power and an application 
of the micropump to a micro fluid power system. First, a simple nonlinear mathematical model with lumped parameters 
was proposed and the validity was confirmed comparing the simulation and experimental results. Second, based on the 
simulations varying the sizes of the outlet pipe and the diaphragm, the pump structure for higher output power was 
obtained and the validity was verified through experiments. Finally, as an application of the micropump, a position 
control microsystem was fabricated using the micropump, a microvalve using magneto-rheological fluid valve-body, 
and a bellows microactuator. The characteristics were experimentally clarified and the validity was confirmed. 
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INTRODUCTION 
 

For millimeter-sized micromachines performing 
power-needed tasks such as micro maintenance systems 
for 10mm diameter pipelines in industrial plants, 
microfactories, and so on [1][2], we proposed and have 
been developing micromachines using fluid power with 
high power density [2]-[6]. 
To realize micromachines using fluid power, high output 
power micropumps are indispensable. However 
previous micropumps for µTAS (Micro Total Analysis 
Systems) developed to transport small amount of liquids 
or gases precisely [7] can not produce high power. 
We proposed and have been developing high output 
power piezoelectric micropumps using resonance drive 
[3] and the one using fluid inertia in pipe [6]. Especially, 

the latter micropump has been experimentally clarified 
to produce higher power. However, the optimal structure 
has not been clarified yet. 
To increase the output power in small size, the paper 
investigates the pump structure. A nonlinear 
mathematical model with lumped parameters is proposed 
and the validity is confirmed comparing the experimental 
and simulation results. Then, based on simulations using 
the mathematical model, the pump structure for higher 
output power is obtained. The validity of the pump 
structure is verified through experiments. Finally, as an 
application of the micropump, a position control 
microsystem is fabricated using the micropump, a 
microvalve using magneto-rheological fluid (MRF) 
valve-body, and a bellows microactuator and the 
characteristics are experimentally investigated. 



 
PIEZOELECTRIC MICROPUMP USING 

FLUID INETIA IN PIPE [6] 
 

Figure 1 shows the schematic of the piezoelectric 
micropump using fluid inertia in pipe. The micropump 
consists of a reciprocating pumping room driven by a 
multilayered PZT actuator, an inlet check valve, and an 
outlet pipe with small diameter. An accumulator, which 
is a flexible silicone tube for outflow in this study, is 
attached to the outlet and the outlet pressure is constant. 
In the room above the inlet check valve, a plastic 
diaphragm is installed as a buffer. The working fluid is 
degassed water. 
In a pumping mode shown in Fig. 2(a), the PZT actuator 
contracts the pumping room, the inner pressure 
increases, the inlet check valve closes, and the working 
fluid flows out through the outlet pipe at a high flow 
velocity. In the subsequent suction mode shown in Fig. 
2(b), the PZT actuator expands the pumping room, the 
inner pressure decreases, and the working fluid flows in 
through the opened inlet check valve. At the same time, 
in the outlet pipe, the flow is going to maintain due to 
fluid inertia in the outlet pipe with a column separation. 
Thus, the micropump flows out the working fluid in not 
only pumping but also suction modes and realizes an 
output flow rate higher than the value estimated with the 
displacement. Through experiments, we clarified the 
pumping room pressure modes and realized an output 
fluid power of 0.21W with 2.3cm3 in volume. 

MATHEMATICAL MODEL OF 
THE MICROPUMP 

 
Proposition of Nonlinear Mathematical Model with 
Lumped Parameters 
To investigate the pump structure to increase the output 
power in small size, a simple nonlinear mathematical 
model with lumped parameters is proposed as shown in 
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(b) With driving frequency 3.7kHz and 
load pressure 0.32MPa 

Figure 4 Experimental and simulation results of 
pumping room pressure 
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Fig. 3. Part models are a serial connection of a diode 
and a resistor R3 for the inlet check valve, a serial 
connection of an inductor L and a resistor R for the 
pipes, a parallel connection of an ac current source and 
a capacitor C for the reciprocating pumping room. For 
the column separation, a cavity model is developed. In a 
suction mode, when the absolute pressure of the 
pumping room is going to be negative, the cavity model 
holds the pressure to be 0 supplying fluid from a virtual 
tank. In the subsequent pumping mode, the cavity model 
holds the pumping room pressure to be 0 until the 
inflow in the previous suction mode flows back to the 
virtual tank. The cavity model is expressed with lumped 
parameters as shown in Fig. 3. 
The resistances are calculated assuming laminar flow, 
and the inductances are 1.3 times of the calculated value 
based on basic experiments. The capacitance is obtained 
considering bulk modulus of the working fluid and 
elasticity of the PZT actuator. 
Verification of the Proposed Mathematical Model 
Figure 4 exemplifies the simulation and experimental 
results of the absolute pressure of pumping room. The 
simulations were performed using MATLAB®. The 
pulse frequency of the pumping room pressure is the 
same as the one of the driving frequency in Fig. 4(a), on 
the other hand, the pulse frequency of the pumping 
room pressure is twice as large as the one of the driving 
frequency in Fig, 4(b). The modes are the feature of the 
micropump and the former is called “1st mode” and the 
latter “2nd mode”. The peak value and phase of the 
pumping room pressure coincide with the experimental 
results for both modes. The average flow rates shown in 
Fig. 5 also indicate the agreements. The validity of the 
simple mathematical model was confirmed. 

 
PUMP STRUCTURE FOR HIGHER 

OUTPUT POWER 
 
Investigations Based on Simulations 
To investigate the pump structure for higher output 
power, simulations were performed with different 
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of load characteristics 
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(a) Diameter of outlet pipe dop=0.5mm 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

(b) Diameter of outlet pipe dop=0.75mm 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

(c) Diameter of outlet pipe dop=1mm 

Figure 6 Simulated output power with different sizes 
of outlet pipe and driving frequencies 

 



diameters dop and lengths l of the outlet pipe shown in 
Fig. 1 with the established mathematical model. The 
diaphragm diameter dd was 6.3mm, diameters dop were 
0.50, 0.75, and 1.0mm, and lengths l were 7, 12, 17, 22, 
and 27mm. The driving frequencies 2~4kHz and the 
load pressure 0~0.40MPa are in allowable range for the 
inlet check valve. 
Figure 6 shows the maximum output power at each 
diameter dop and length l of the outlet pipe and driving 
frequency. Based on the results, it is found that with large 
inductance with small diameter dop and large length l, the 
output power is maximized at low driving frequency, and 
that the 2nd mode produces higher power. 
Figure 7 shows the selected results of the load 
characteristics. As a result, with diameter dop=0.5mm 
and length l=12mm of the outlet pipe, driving frequency 
2.5kHz, and load pressure 0.40MPa, output flow rate of 
0.71cm3/s is obtained, which is 35% higher than the 
previous experimental value. 
Next, the effect with different diaphragm diameter dd was 
simulated using the same PZT actuator. The maximum 
output powers obtained varying diameter dop and length l 
of the outlet pipe and driving frequency are shown in 
Table 1. It is found that the diaphragm diameter 
dd=6.3mm generates the maximum output power. 
Experimental Verifications 
Based on the simulation results, micropumps were 
fabricated as shown in Fig. 8 with diaphragm diameter 
dd=6.3mm, diameters dop=0.50, 0.75, and 1.0mm and 

length l=12, 17, and 22mm of the outlet pipe. The PZT 
actuator (PSt150/3.5×3.5/7, Pizeomechanik Co.) 
produces the maximum displacement of 4.6µm (applied 
voltage 100V) and offset 60V and amplitude 100Vp-p 
were applied. As the load, a variable restriction was 
installed and the outlet pressure was measured by a 
semiconductor type pressure transducer (pressure range: 
1MPa). The flow rate was measured based on the time 
to flow out 10g mass. 
Figure 9 exemplifies the results. It is ascertained that the 
maximum output power is obtained with diameter 
dop=0.5mm and length l=12mm of the outlet pipe, 
driving frequency 2.5kHz, and load pressure 0.40MPa, 
which coincide with the simulated results. However, due 
to variation of capacitance C in reassemble, the 
maximum output power is 0.22W, which is only 5% 
higher than the previous value. 
 

APPLICATION TO POSITION CONTROL 
MICROSYSTEM 

 
Fabricated Microvalve Using MRF Valve-Body [5] 
To control fluid power irrespective of machining errors, 
we proposed a microvalve using MRF valve-body as 
shown in Fig. 10. MRF has micrometer-sized magnetic 
particles dispersed in an oily fluid and is pulled by 
magnetic field. An MRF column is supported in the 
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Figure 7 Simulated load characteristics with different 
sizes of outlet pipe and driving frequencies 

Table 1 Simulated output power with different 
diaphragm diameters 

Diaphragm
diameter d d  [mm]

Outlet pipe
diameter d op  [mm] 0.50 0.75 1.0 0.50 0.75 1.0 0.50 0.75 1.0

Outlet pipe
length l  [mm]

12 22 27 12 22 27 12 12 22

Driving
frequency [kHz]

4.0 4.0 4.0 2.5 2.8 4.0 3.0 2.5 2.5

Output
power [W]

0.12 0.14 0.13 0.28 0.29 0.29 0.21 0.25 0.22

3.0 6.3 9.0

Figure 8 Photocopy of the fabricated micropump 
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Figure 9 Comparisons of experimental and 
simulation results 



flow channel by a permanent magnet and shuts off the 
working fluid flow as a valve-body. The MRF column is 
deformed by perpendicularly applied magnetic field 
using an electromagnet. With increasing the 
deformation, the working fluid flow increases. Thus, the 
valve opening is controlled by the current applied to the 
electromagnet. The microvalve features simple structure, 
shut off capability due to the adaptable liquid 
valve-body irrespective of the larger machining errors, 
energy saving due to the shut off capability, wide 
selection of the working fluid that should only be 
independent from magnetic field and the MRF, and so 
on. The fabricated microvalve has 10mm×10mm×7mm 
in size and can control water flow rate from 0 to 
30mm3/s at supply pressure 35kPa. 
Fabricated Position Control Microsystem 
Utilizing the piezoelectric micropump using fluid inertia 
in pipe, the microvalve using MRF valve-body, and a 
bellows microactuator, a position control microsystem 
was fabricated as shown in Fig. 11. The restrictions at 
downstream ports of the microvalve have differential 
pressure 35kPa for flow rate 30mm3/s. The bellows 
microactuator has 3.2mm in outer diameter, 3.1mm in 
length, and 0.40kN/m in spring constant. With large 
circulation flow, the variation of supply pressure to the 
microvalve was small. The working fluid was degassed 
water. Current was applied to the microvalve with a voice 
coil motor driver (maximum current: ±3A) with dither. 
Supply pressure and load pressure were measured with 
semiconductor type pressure transducers (pressure range: 
0.1MPa). Output displacement was measured with a laser 

displacement meter (resolution: 0.2µm). The measured 
values were fetched by a personal computer through A/D 
converter with sampling frequency 200Hz. 
The basic characteristics with open loop control were 
measured. Figure 12 shows the measured static 
characteristics. The origin of displacement is the position 
without current. It is found that the displacement can be 
controlled up to 180µm with high reproducibility, though 
there are some hystereses due to friction between the 
MRF valve-body and valve seat, and that the 
displacement begins to saturate at current 0.6A. The 
dotted line in Fig. 12 is theoretically calculated results 
based on the measured resistance of the microvalve 
without load. Good agreement is confirmed with some 
errors due to variation of the MRF valve-body width. 
Figure 13 shows the measured step responses. It is 
found that higher response is obtained with larger 
current amplitudes for both step up and down. The 
reason is thought that with high current amplitude, the 
MRF valve-body approaches to the electromagnetic 
pole and driving force increases. Also it is found that the 

Figure 10 Fabricated microvalve using 
MRF valve-body 

Piezoelectric
micropump
using fluid

inertia in pipe

Supply pressure Load pressure

Bellows actuator

Laser
displacement

meter

Microvalve
using MRF
valve-body

Figure 11 Hydraulic circuit of fabricated 
position control microsystem 

Figure 12 Measured static characteristics of the 
position control microsystem with open loop control 
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Figure 13 Measured step responses of the position 
control microsystem with open loop control. 

0.0

0.5

1.0
Temp.: 23°C
Supply
 pressure: 35kPa

 

 

C
ur

re
nt

 [A
]

0

100

200

1.2s0.8s
1.0s0.7s

1.0s

Rise time

1.5s

1.1s0.7s

1.2s0.8s

1.5s1.0s

Rise time

 

D
is

pl
ac

em
en

t [
µm

]

 

0 2 4 6 8
0

10

20
 

Time [s]

Pr
es

su
re

 [k
Pa

]



step up response is higher than that of step down. The 
reason is thought that the force to bend the MRF 
valve-body by the electromagnet is higher than that by 
the permanent magnet to recover the shape. There are 
some stepwise waveforms, which are due to friction 
between the MRF valve-body and valve seat. 
Characteristics of the Position Control Microsystem 
A PI control system was constructed by software written 
in language C. The Proportional gain 0.07A/µm and 
integral gain 0.03A/(µm·s) were determined based on 
measured step responses for 10µm amplitude. To 
prevent the MRF valve-body separation, the applied 
current amplitude was restricted up to 0.6A. 
Figure 14 shows the measured static characteristics. 
High reproducibility was confirmed up to 120µm. 
Figure 15 shows the measured step responses with 
0.1Hz square wave. Comparing to open loop system in 
Fig. 13, rise times decrease and the rise time for step up 
becomes equal to the value for step down. The reason 
the rise time for step down is the same as the open loop 
system is thought that current saturation continues long 
time. Also, for high step amplitude, the settling time 
becomes large because current saturation continues long 
time and wind up occurs highly. The dead time is 
thought to be due to friction between the MRF 
valve-body and the valve seat. 
 

CONCLUSIONS 
 
To realize a high output power piezoelectric micropump 
using fluid inertia in pipe, the pump structure and the 
application were investigated. The main results are as 
follows: 
(1) A simple nonlinear mathematical model with 

lumped parameters was proposed and confirmed 
comparing the simulation and experimental results. 

(2) The pump structure for higher output power was 
obtained based on simulations using the 
mathematical model. 

(3) The validity of the obtained pump structure was 
confirmed based on experiments. 

(4) The microvalve was applied to a position control 
microsystem. The characteristics were experimentally 
clarified and the validity was confirmed. 
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of the Ministry of Education, Culture, Sports, Science 
and Technology of Japan. 
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position control microsystem with PI control 

Figure 15 Measured step responses of the position 
control microsystem with PI control 
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ABSTRACT 
 

In the field of MEMS technology, the high accumulation and high density for making semiconductor devices are rapidly 
advanced. On the other hand, neither high accumulation nor densification on micro mechatronics are so advanced 
comparing with semiconductor devices. In our laboratory, it pays attention to microfluidic systems which can control 
fluids without mechanical moving parts. In this paper, design and fabrication of microfluidic devices with small, light 
and integration are discussed. A prototype models based on fluidics is fabricated and experimentally investigated. A 
view point of future application for the micro fluidic devices is also reported. 
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INTRODUCTION 
 

A micromachine and a micro mechatoro device is a 
general term for devices and integrated systems 
including parts of 1mm or less. It has a high potential 
key technology to realize a miniaturization, low power 
consumption, high density and high integration in many 
fields such as medical, information and communication, 
biotechnology and aerospace industry. Recently, 
according to advance of semiconductor technology, 
story of the micromachine is not a dream because of 
development of micro processing and fabrication 
technologies. Research and development for the 
micromachine has been widely and actively carried out 
all over the world for the important technology in the 
next generation. As a result, a variety of new processing 

methods and devices for micromachines have been 
proposed and developed, and begun to walk steadily on 
the road of practical use.  
Especially, according to advance in the biotechnology 
field the micro fluid control devices such as 
Micro/Miniaturized Total Analysis Systems (µ-TAS) 
[1][2], DNA chips and microchips based on capillary 
electrophoresis become one of the main device in the 
micromachine. In the medical industry field, the 
micromachine has been just beginning to be applied a 
drug delivery system. The drug delivery system (DDS) 
is a method of surely making the medicine arrive to the 
treatment part in the inside of a human body without a 
surgical operation with a present surgical knife [3]. It is 
possible to make the load reduced to the patient 
dramatically. Therefore, it is necessary to develop the 
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micro mechatro devices that combines the micro fluid 
control devices such as micro actuators, micro sensors, 
micro valves and micro pumps. 
Under an environment marked by the micro size, 
adsorption, friction, viscocity and abrasion occuring in 
the surface phenomenon have a large influence on the 
performance, energy efficiency, durability and reliability 
of the micromachines. In the micromachine or the micro 
mechatro device, the micro valve is the most important 
functional device for the part of the DDS or the unit of 
the µ-TAS.  
It is not suitable for the structure of the valve with 
mechanical moving parts because of large power 
consumption. Morerover, it is difficult for the 
micromachine to assemble many parts in three 
dimensional structures. Therefore, it is preferable to 
produce it with complete parts where the mechanism is 
simple and the parts size is small as much as possible. In 
our laboratory, it pays attention to microfluidic systems 
controled fluid flow without mechanical moving parts. 
In this paper, design and fabrication of microfluidic 
devices with small, light and integration are discussed. 
A prototype models based on fluidics is fabricated and 
experimentally investigated. A view point of future 
application for the micro fluidic devices is also reported. 
  

LAMINAR PROPORTIONAL AMPLIFIER 
 

The fluidics is a unique device without mechanical 
moving parts to control and switch the flow rate and the 
pressure. The fluidics is the technology of using the 
internal flow characteristics between walls, i.e., 
collision of jet flow, generation and settling of 
turbulence flow, preservation of momentum flow, 
attachment and separation of jet flow, and resistance or 
change in relation between the flow rate and the 
differential pressure. The flow characteristic of the 
fluidics depends on the shape of the geometry of the 
flow channel [4][5]. The fluidics has the advantage of 
easy miniaturization, high reliability and environmental 
compatibility. Additionally, the method of putting the 
film and the valve moved by the flow is effectively used 
according to the condition.  
In this research, a laminar proportional amplifier (LPA) 
in the fluidics is used for control valves. The LPA is the 
typical analogue element in the fluidics. Figure1 shows 
the flow channel geometry and the three dimensional 
structure of the LPA [6]. The LPA consists of supply 
ports, control ports, output ports and vent ports 
symmetrically. The important dimension depends on a 
main nozzle width bs, a control nozzle width bc, an 
output nozzle width bo and a splitter distance Xsp. The 
dimension of the each part is based on the main nozzle 
width, and the aspect ratio is selected by one or less to 
operate because flow range is within a laminar flow of 
air. Both sides of the plate (Plate2) with the flow 
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(a) Flow Channel Geometry 

 

 

(b) Structure 

Figure 1 Laminar Proportional Amplifier 
el geometry are sealed up in two plates (Plate1 
late3). A main jet emerging from the supply port 
cts with flows from the control ports. As a result, a 
and left output port receives an inclining main jet 
 and the output differential pressure is proportional 
 control difference pressure. The vent port has the 

of preventing the influence of flow from output 
to input sides. 
LPA has the principle of similitude on the 
sion of the flow channel geometry. The multistage 

is also easily realized to amplify the output signal. 
gests that the operating performance of the LPA 
be improved by means of being miniaturized, 
d, arrayed and multistage.  

EXPERIMENTS 

is study the standard models of the LPA are 
ned by the previous model based on [7] and 
ated through a stereolithography method. The 
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stereolithgraphy can fabricate a complex solid model 
including internal shape in the process of one time and 
easily reproduce a new shape of form with changing 3D 
CAD data [8][9]. When we produce the micromachines, 
it is necessary to reduce the number of parts and 
assembly process as much as possible. In this respect, 
the stereolithography is one of most effective method 
because of manufacturing micro-parts on the whole 
form. The fabricated LPA consists of three parts of 
plates; a vent cover (Plate1), a plate with the flow 
channel geometry (Plate2) and a plate with supply and 
control ports (Plate3). The final structure of the 
developed prototype LPA is shown in Figure 2. In the 
final designing, the Plate 2 are assembled and united 
with the Plate 3 to reduced number of parts for the 
fluidics device.  

F

In this paper the standard model of the prototype LPA is 
called Model_S. The Model_S has the height Xh of flow 
channel geometry of 12.065mm, the width Xw of 
8.89mm, the supply nozzle width of 0.38mm and the 
thickness of 0.5mm. In the principle of the LPA the 
shape of the vent ports is one of the important design 
factor to perform better. The influence for the cover 
plate and the shape of the vent port for the LPA has not 
been reported before. We also investigate to effect on 
the shape of the vent ports on the cover plate fabricated 
two kinds of vent covers; the semicircular type and 
circular type of the vent ports.  
The Reynolds number Re is defined by the following 
expression as the thickness of the representative length,  
 

sPh 2Re
µ
ρ

=          (1) 

 
where h is the thickness of the element, Ps is the supply 
pressure at the supply port, ρ  is the density of the fluid 
and the µ is the viscous coefficient of the fluid. When 
the supply pressure is kept at a constant value, the 
Reynolds number is dependent on the thickness of the 
elements, and it isn’t involved the width of the supply 
nozzle bs. In case of using fluids as air, ρ is 1.024kg/m3 
and µ is 1.808×10-5 Pa s. If the supply pressure Ps is 
kept at 1kPa, the Reynolds number is calculated as 1357 
and the air flow at the point of the supply nozzle 
becomes laminar flow. 
Figure 3 shows a system configuration for experimental 
apparatus. The supply pressure Ps, the control pressures 
Pc1 and Pc2, the output pressures Po1 and Po2 are 
measured with pressure gauges and stored in a 
microcomputer through an A/D converter, respectively. 
Amount of minute pressure at the supply and control 
ports are kept at the constant value by the upstream side 
of the speed controllers. The static characteristics 
between pressure difference ∆Pc (=Pc1-Pc2) and ∆Po 
(=Po1-Po2) are calculated and analyzed.  
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(a) Semicircular Type   (b) Circular Type 

Figure 2 Structure of Prototype LPA 
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ure 3 System Configuration of Experimental Apparatus
 STATIC CHARACTERISTICS OF LPA 
 

andard Type of the LPA 
 the first stage of our experiments, the static 

aracteristics for the standard models with circular and 
micircular types of the vent ports are clarified under 
 supply pressure Ps of 1kPa. Figure 4 shows the static  

aracteristics between the differential control pressure 
c and the differential output pressure ∆Po. The ∆Po is 

arly proportional to the ∆Pc in the range of near the 
igin. The linear characteristics of the pressure gradient 
 linearized and defined as the pressure gain Gp. 

wever, ∆Po is saturated as increasing ∆Pc, so the 
ge width between the two saturation points on ∆Pc is 

fined as a linear range Lp. Moreover, the ratio of Po1 to 
 under ∆Pc having zero is defined as the pressure 
overy ratio Rp. The width of the linear range Lp is 

pendent on the shape of the vent cover. Table 1 
icates that Gp for the semicircular type is six times 

mparing to the amount of circular type. The pressure 
overy ratio Rp for the semicircular type is 3% larger 
n the amount of circular type. These results suggest 
t the output pressure strongly depends on the shape 
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of the vent ports for the LPA.  
Next, all pressure data are normalized by the supply 
pressure in order to verify the static characteristic of the 
LPA with change of the supply pressure. Figure 5 shows 
the normalized static characteristics between ∆Pc/Ps and 
∆Po/Ps under the standard model with the semicircular 
type of vent ports. The linear range Lp becomes larger as 
decreasing the supply pressure. The pressure gain Gp 
and the pressure recovery ratio Rp become large with 
increasing the supply pressure as shown in Table 2. 
Especially, the pressure gain under Ps of 1kPa becomes 
two times comparing to the pressure gain under Ps of 
500Pa.  

Table 2 Pressure Gains and Pressure Recovery Ratio 
under Change of Supply Pressure 

Ps 500[Pa] 1[kPa] 2[kPa] 4[kPa]

Gp[-] 0.3 0.6 0.6 0.6 

Rp[%] 8.9 9.2 9.8 9.9 
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Table 3 Dimensions of Prototype LPA 

 
Model_S
(standard 
model) 

Model_8 Model_5

mm] 0.38 0.304 0.19 

[mm] 0.38 0.304 0.19 

[mm] 0.513 0.410 0.257 

[mm] 3.0 2.4 1.5 

mm] 0.5 0.4 0.25 

[mm] 12.065 9.652 6.033 

[mm] 8.89 7.11 4.45 
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Figure 4 Static Characteristic of Standard Models 
under Supply Pressure of 1kPa  
scaling of the LPA  
 research, the fluidics is applied to the micro 

However, there are few reports on the 
teristic of the miniaturized LPA since it is difficult 
icate one. In this section, the influence on scaling 
LPA is experimentally investigated and evaluated 
ectiveness of the fluidics. The dimensions of the 
pe LPA are tabulated in Table 3. Two different 

f the LPA (Model_8 and Model_5) for scaling of 
ometry are used to investigate the effect of 
caling comparing to the standard model 
l_S). The downscaling model Model_8 is 0.8 
he Model_5 is 0.5 times as large as the size of the 
rd model Model_S. 
e second stage of our experiments, the supply 
re is kept at the constant value of 1 kPa and the 
rcle type of the vent port is chosen to investigate 
tic characteristics of the LPA. As shown in Figure 
Model_S and the Model_8 are operated normally, 
 Model_5 has unstable to operate. It seems the 

tion phenomenon appears since it is too much the 
 pressure to generate the flow from the vent to the 
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Table 1 Pressure Gain and Pressure Recovery
Ratio with Change of Vent Port  

 Semicircular 
Type 

Circular 
Type 

Gp[-] 0.6 0.1 

Rp[%] 9.2 6.1 
 side. So we test on the situations of decreasing 
ply pressure and changing the vent cover. 
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Figure 7 shows the experimental result under the supply 
pressure of 500Pa. The oscillatory phenomenon of the 
pressure in the Model_5 disappeared for decreasing the 
supply pressure, and Lp becomes larger by 
miniaturization of devices. The pressure gain and the 
pressure recovery ratio in using the LPA with circular 
type of the vent port under the supply pressure of 500P 
and 1kPa are tabulated in Table 4 and Table 5, 
respectively. Gp and Rp become larger by downsizing of 
the fluidics and increasing of the supply pressure. 
Especially, the pressure gain Gp strongly comes under 
the influence of the value of the supply pressure.  
Figure 8 shows the static characteristics for the LPA 
with circular type of the vent ports under the supply 
pressure of 1kPa. The oscillatory phenomenon of the 
pressure doesn’t appear as well as the case of decreasing 
pressure. The pressure gain and the pressure recovery 
ratio are tabulated in Table 6. The Model_5 has the 
pressure gain Gp of 3.3 and the pressure recovery ratio 
Rp of 0.27. These results indicate the highest value in 
our experiments. Down scaling of the LPA becomes 
high performance to operate with under high pressure 
conditions. 
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Figure 6 Static Characteristics with Semicircular Type 
of Semicircle under Supply Pressure of 1kPa 

 
Table 5 Pressure Gain and Pressure Recovery Ratio 

With Semicircular Type of Vent Port       
(Supply pressure:500Pa) 

 Model_S Model_8 Model_5 

Gp[-] 0.3 1.0 1.2 

Rp[%] 8.9% 14.1% 17.7% 

Table 4 Pressure Gain and Pressure Recovery Ratio 
With Semicircular Type of Vent Port       

(Supply pressure:1kPa) 

 Model_S Model_8 Model_5 

Gp[-] 0.6 2.4 - 

Rp[%] 9.2 17.4 - 

 

Table 6 Pressure Gain and Pressure Recovery Ratio 
With Circular Type of Vent Port           

(Supply pressure:1kPa)  

 Model_S Model_8 Model_5 

Gp[-] 0.1 2.5 3.3 

Rp[%] 6.1[%] 18.1[%] 27[%] 
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CONCLUSIONS 
 
In our research project it has aimed at the development 
of the micro valve. In this paper the effectiveness of the 
micro valve using the fluidics has been experimentally 
investigated. The fluidics is a suitable structure for 
fabrication under the microscopic environment because 
of easy uniting and accumulating for multistage devices. 
The LPA has the principle of similitude on the 
dimension of the flow channel geometry. It has been 
confirmed that the normal operation of the LPA has 
been improved by miniaturization. Moreover the linear 
range of operation for the LPA between the control 
pressure and the output pressure has been extended and 
the pressure recovery ratio and the pressure gain have 
become larger when the size of the LPA is down scaling. 
The shape of the vent port greatly affects the range of 
operation. Therefore the fluidic devices are suitable for 
using as the micro valve in micro fluid power systems. 
The traditional type of the LPA has been fabricated by 
machining of metals. In our study the LPA is fabricated 
by the stereolithography for all-in-one design. By use of 
the stereolithography the edge surface of the flow 
channel is rough comparing to the traditional machining 
of metals such as electric discharge machines. In the 
future work, we develop the micro power fluidics valve 
that has a smaller size and control ability of high-power 
with the fine fabrication of minute channel through the 
microfabrication technology. The integrated multistage 
LPA is suitable to realize control valves for micro 
mechatronics under the microscopic world.  
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ABSTRACT

Grooves effects on slippers are understood from a qualitative point of view and analytically for slippers without grooves.
This study addresses the effect of groove dimensions and position via expanding the equations of flow, pressure
distribution and force developed for any number of lands. A unique advantage of having explicit equations is that they
may then be used to design slippers in order to have maximum lift, via optimizing the groove length, depth and position.
This cannot be achieved at present using previous knowledge apart from many simulation runs using a numerical
simulation package.

KEY WORDS

axial piston slipper, effect of lands, direct solution

NOMENCLATURE

hi slipper general height (m)
n number of flat plates, including the grooves
Pi general pressure (N / m2).
Qi generalized flow (m3/ s)
ri slipper general radius (m)
μ fluid dynamic viscosity. (kg / m s)

INTRODUCTION

In the majority of cases the effect of the different
pressure balancing grooves cut on pistons and slippers
has been neglected. Although the groove effect on the
flow and the pressure distribution is not expected to
give a radically different pattern from the single-land
case, the extension developed in this paper is a step

forward towards a better understanding of the effect. A
mathematical approach was presented by Bergada and
Watton [1,2] for a single grooved slipper and Fisher [3]
studied the case of a flat slipper with single land on a
rotating plate. Böinghoff, [4] studied theoretically the
static and dynamic forces and torques acting on a single
piston. Hooke [5] showed that a degree of non-flatness
was essential to ensure the successful operation of the
slipper, and the non-flatness must have a convex profile.
He later[6] studied more carefully the couples created
by the slipper ball. Iboshi and Yamaguchi [7,8], working
with a single land slipper, determined the flow and the
main moments acting on the slipper. Hooke [9] also
studied more carefully the effect of non-flatness and the
inlet orifice on the performance of the slipper. In [10,11]
Hooke focused on the lubrication of overclamped
slippers and considered the three different tilting



couples acting on slipper, finding that the tilting couple
due to friction at the slipper running face is much
smaller than the ones created at the piston-cylinder,
piston-slipper interfaces, and the centrifugal term.
Takahashi et al [12] studied the unsteady laminar
incompressible flow between two parallel disks with the
fluid source at the centre of the disks. Li et al [13]
studied the lubrication of composite slippers on water
based fluids. Koc et al [14] focused their work on
checking whether underclamped flat slippers could
operate successfully or whether a convex surface was
required. They took into account the work done by
Kobayashi et al [15] on the measurements of the ball
friction. They concluded that polishing of the running
face of the slipper to a slightly convex form, appeared to
be essential for successful operation under all conditions.
Harris et al [16], created a mathematical dynamic model
for slipper-pads, in which lift and tilt could be predicted,
the model was able to handle the effect of the possible
contact with the swash plate. Koc and Hooke[17,18]
studied more carefully the effects of orifice size, finding
that the underclamped slippers and slippers with larger
orifice sizes run with relatively larger central clearances
and tilt more than those of overclamped slippers with no
orifice. Ivantysynova [19] developed a package called
CASPAR which uses the bi-dimensional equation of
lubrication and the energy equation in differential form.
It was shown how transient cylinder pressure could be
computed by knowing the leakage characteristics of the
piston chamber. In addition, the dynamic clearance and
tilt of the slipper was studied over one revolution of the
pump and a single land slipper plate was used in the
theoretical and experimental analysis.

ANALYSIS

Although a large amount of work has been done in order
to better understand slipper behaviour, very little work
has focused on flow characteristics for slippers with two
or more lands, and no attempt to explain mathematically
the two land slipper behaviour has been found. The
main piston and slipper assembly used in this study is
shown in figure 1, and is one of nine pistons from a
pump having a maximum volumetric displacement is
0,031 dm3 /rev.
It will be seen that the slipper design uses two full lands
and the approach selected seems to be the personal
design philosophy of the particular pump manufacturer.
Considering previous work [1,2] together with the
assumptions of laminar flow, no slipper tilt, steady
state conditions, rotation effects are negligible, the flow
is radial, the pressure drop is dominated by the radial
flow, then the solution of Reynolds gives equation 1.
Such a generic equation can be used for a slipper with
any number of lands, bearing in mind that the equation
presented here does not regard the slipper pocket as one
of the lands.
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Figure 1. Slipper studied (Courtesy Oilgear Towler UK)

The dominant hydrostatic force will be given as the
addition of the slipper pocket force plus the force due to
the integration of the pressure distribution along the
slipper two lands and groove. The force balance for the
single-groove slipper design under study will be:
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In this study the slipper is assumed to be parallel to the
swash plate, hence h1 = h3.

MODIFIYING GROOVE GEOMETRY AND
POSITION.

Data for the two slippers evaluated is shown in Table1.
Figure 2 shows the typical pressure distribution along
the entire slipper face for a 0.4 mm width groove, when
the groove is located near the inner radius or near the

ro

r1
r2

r3
r4

Pinlet Poutleth1 h2 h3



outer radius. It was noticed that for groove depths of 0.4
mm, pressure is maintained constant along the groove
length and for depths of few microns there is a
considerable pressure differential between groove
borders. It must be pointed out that the pressure
distribution curve for an inner groove with 15 microns
depth falls below the curve at 0.4 mm depth, while the
opposite happens for the outer groove. Integrating the
pressure distribution shows that the grooves located at
an inner radius will produce higher lift than when
located in any other position.

Table 1. Dimensions of the two slippers considered
Slipper 1
(1 groove)

Slipper 2
(1 groove)

r0 (mm) 0.5 0.4
r1 (mm) 5 7.7
r2 (mm) 7.43 11.175
r3 (mm) 7.83 11.725
r4 (mm) 10.26 15.2
Pocket depth (mm) h1 + 0.6 h1 + 0.55
Groove depth (mm) h1 + 0.4 h1 + 0.4

Calculations in Table 2 show the leakage flow
percentage increase compared with the single land
slipper, when modifying groove depth and length, while
maintaining the slipper clearance at 10 microns.
Different groove positions such as groove centred,

groove located at the centre of the inner land and grove
located at the centre of the outer land are also evaluated.
Notice that leakage increases with groove length and
depth, on the other hand leakage increases much faster
when the groove is located at the inner land. Due to its
linearity, the leakage percentage increase is independent
of the inlet pressure.
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Figure 2 Pressure distribution for different groove
positions, groove length 0.4 mm, inlet pressure 160 bar

(slipper 1)

Table 2 Leakage increase for different designs (slipper 1)

Groove depth
Groove length

Leakage
increase
%

Groove depth
Groove length

Leakage
increase
%

Groove depth
Groove position

Leakage
increase
%

h2 = 0.4 mm
length = 0,8mm

16.6 h2 = 15 microns
length = 0.8mm

11.1 h2 = 0.4mm
Inner

9.8

h2 = 0.4 mm
length = 0.4mm

7.9 h2 = 15 microns
length = 0.4mm

5.4 h2 = 0.4mm
Central

7.9

h2 = 0.4 mm
length = 0.2mm

3.8 h2 = 15 microns
length = 0.2mm

2.7 h2 = 0.4mm
Outer

6.6

Table 3 Lift force % change for different slot positions and depths (slipper 1).

Groove length= 0.4 mm Slipper single land force =1746N@100bar

h1 = 2.54 microns h1 = 10 microns h1 = 20 microns

Slot position

h2 microns Force % h2 microns Force % h2 microns Force %
5 2.60 15 2.10 25 1.50Inner

400 3.00 400 3.00 400 3.00
5 -0.28 15 -0.23 25 -0.16Centred

400 -0.33 400 -0.33 400 -0.33
5 -2.60 15 -2.10 25 -1.40Outer

400 -3.06 400 -3.06 400 -3.06



In Table 3 the lift force has been evaluated when a
groove of 0.4 mm length is located at a inner, centre
and outer radius. It can be concluded that for an inner
slot, lift force decreases as the gap slipper plate
increases, and the force increases as the groove depth
does. On the other hand when the groove is located at
the outer radius the force will increase when increasing
the slipper clearance, and it will decrease as the groove
depth increases. It is clear that a groove located at an
inner land will produce lift forces higher than for a
single land slipper. From the equations presented, and
based on (slipper 1) is shown that the effect of groove
depth on pressure change across the groove is
negligible for depths beyond 0.1 mm and absolutely
beyond 0.3 mm.
A more comprehensive comparison of the effect of
groove position and width on the lift force and leakage
flow rate, for the same geometrical conditions, may be
seen from the 3D plots shown as figure 3.
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Figure 3. Variation of the force over the slipper face,
and the leakage flow rate. Inlet pressure 100 bar
(slipper 1).

The hydrostatic force provided at the piston side is

1678N@100bar piston pressure which has to be
ostensibly balanced by the slipper hydrostatic lift by
design. For no groove the hydrostatic lift would be
1746N@100bar piston pressure and the slipper would
be underclamped. When operating with grooved
slippers, it would be useful to know the groove
dimensions to obtain maximum lift. This is now
possible analytically for the first time using the
previously set of equations. Since several parameters
such as groove length, depth and position affect the lift
force, some conditions must be established:

 dimensions r1 and r4 will be maintained constant.
 Given inner land outside radius, r2, it is possible to

find the value of r3 to obtain maximum lift.
 this value can be obtained from the derivative of the

total lift force, equation (2), versus r3, and equating
the resulting equation to zero. This process leads to
the equation:

32 4
3 3 3 3

1 2 31 2 3

2 2 2 22 2
3 2 4 32 1

3 3 3
3 1 2 3

rr r1 1 10 r ln ln ln
r r rh h h

r r r rr r1 1 1 1
r 2 2 2h h h

     
        

       
    

   
  

(4)

When substituting the values of r1, r2, r4, h1, h2, and h3
in equation (4), the optimum external groove radius r3
to obtain maximum lift can be found.

Figure 4 shows the optimum groove external radius r3
to obtain maximum lift for a given internal radius r2,
and for a set of inner land inside radius r1 and the two
different slippers. Notice that for a given slipper, the
smaller the radius r2 the bigger r3 can be, and this will
lead to bigger lift forces. The evaluation of slipper
leakage for different inlet radius r1, a set of inner
groove radius r2 and for each case the optimum outer
groove radius r3 shows that the leakage increases as r2
decreases.

Figure 4 Optimum r3 versus r2 for a set of inner land
inside radius, both slippers.
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CONCLUSIONS

 Considering the boundary conditions for a
multi-land slipper, it has been shown that a
completely generalised solution for flow rate and
radial pressure distribution can be obtained.

 It has been shown that the hydrostatic lift force can
vary with groove placement and design and a
localised optimum position exists.

 Lift in any single land slipper can be increased
when creating a groove at an inner radius of the
slipper land and maximum lift can be obtained
when groove length is design according to equation
(4).

 Grooves located at the slipper centre or towards the
outer radius create lifts lower than a single land
slipper, and therefore should be avoided unless
necessary for stability.

 To maintain pressure constant along the slipper
groove, it has been found thanks to the equations
presented that a depth higher than 0.3 mm is
needed for the groove and about fifty times the
slipper clearance (about 0.5 0.6 mm) for the
pocket.
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ABSTRACT 
 

External gear pumps are the most widely employed source of power in hydraulic applications, allowing good performance and 
low manufacturing costs. The present paper reports the description of a numerical model for the simulation of these kind of 
machines, developed by the authors. The model has been implemented using the software AMESim®, introducing new 
in-house C++ models, with the main aim of an accurate prediction of the pressure ripple at the delivery port and the 
calculation the flow rate time course through the pump. In fact the reduction of flow pulsations is one of the crucial targets in 
the development of these machines. 
The fluid dynamic model of the pump is based on a finite volumes framework: each chamber presents uniform fluid 
proprieties and is connected with the adjoining ones by variable orifices. The pump is described by the interaction between a 
fluid dynamic model, that predicts the instantaneous pressures and the flow rates between the chambers, with a geometrical 
sub-model for the evaluation of the actual values of the variable volumes (defined by teeth, housing, and side wear plates) and 
the throat areas, as functions of the shaft angular position. 
This paper reports a deep description of the fluid dynamic model and a comparison between its numerical results and data 
available from experiments, showing how a correct evaluation of the flow when the chambers expand (and oil is pushed from 
the supply tank) or decrease (and oil is ejected into the outlet port) allows a good prediction of the pump characteristics. 
The results reported in the paper show how the model can be a powerful tool for design and development of external gear 
pumps, e.g. it easily allows the prediction of the maximum and minimum pressure reached inside the teeth space volumes, 
giving important information to prevent cavitation and damages as well as to reduce the pump noise. Moreover the simulation 
environment easily allows the evaluation of the pump behaviour when it works in a given hydraulic system. 
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NOMENCLATURE 
 
n  : shaft speed 
p  : pressure 

mp : pump maximum constant pressure 
t  : time 
V  : volume 
V  : volume flow rate 
ρ  : fluid density 
ϑ  : angular position 
ω  : angular velocity 
 
Subscripts 
in : entering 
out : leaving 

1,2 : driver gear (1) and driven gear (2) 
i,j : indexes of tooth space volume 
 
Abbreviations 
CV : control volume 

  
INTRODUCTION 

 
Fixed displacement pumps remain the most widely used 
sources of power in hydraulic applications, despite many 
present researches oriented to the evolution and cost 
reduction of variable displacement machines. In this 
perspective external gear pumps still have the role of prime 
actor. These machines combine the manufacturing 
simplicity, leading to reduced costs, with good efficiencies; 



moreover their application area is extremely wide [1,2] 
spacing from the low pressure (such as the case of charge 
or lubricating pumps) to the medium-high pressure 
applications, including open loop and closed loop circuits. 
Notwithstanding gear pumps are relatively simple to 
manufacture, their operation involves a lot of complex 
phenomena of both mechanical and fluid nature; for this 
reason these pumps have been captivating the interest of 
many researchers for more than five decades. The first 
important studies pertain to Wilson [3] and Castellani [4]; 
in the late eighties Nervegna and Mancó proposed a 
simulation model for external gear pumps [5] and some 
studies about the experimental evaluation of the pressure 
transients [6] in the machine. After this time, several papers 
[7-10] concerned the analysis of the inter-teeth pressure, of 
the leakages, of the pressure and the force distribution on 
the gear side faces. Other researches analyzed the 
performance of the pump bearings and the fluid borne 
noise generated at the suction port [11,12], while in [13] 
the effects of changing teeth geometry on pump flow ripple 
is described. 
Nowadays at the Industrial Engineering Dept. of the 
University of Parma the authors are developing a 
simulation model for external gear pumps in cooperation 
with Casappa S.p.A., an important Italian fluid power 
industry. The present paper refers to the first step of the 
research, presenting the basic model structure and the first 
significant results that have been reached. 
For the model implementation the authors have been 
chosen the simulation software AMESim®. Some new 
in-house modules have been created using AMESet®, 
writing sections of code in C++ language. These have been 
added to a new user-defined library that is used to build up 
the complete model of the pump. The model is lumped 
parameter based; the chosen framework has the purpose of 
evaluating the flow and pressure course at the suction and 
delivery port and also in each tooth space volume and the 
leakages within the pump. The geometrical calculations 
were performed with CAD/CAE based tools provided by 
the manufacturer. These tools, not described in the paper, 
interact with the developed AMESim® model for the 
evaluation of all the pump geometrical characteristics 
(namely the flow areas between the volumes and the 
instantaneous volume entity) as a function of the position 
of the gears, accounting for the real shape of teeth and the 
geometry of the balancing bearing blocks.  
In order to verify and calibrate the model, experimental test 
were performed on a stock pump using a rig specific for 
pump characterization.  
 

NUMERICAL MODEL DESCRIPTION 
 
The lumped parameter framework 
According to the chosen approach, the pump is subdivided 
in a number of control volumes in which fluid properties 
are assumed uniform and only time dependent. As reported 
in fig. 1a, the model considers a control volume (CV) for 
each tooth space volume of both gears. Under the 
hypothesis of same number of teeth on the driver and 
driven gears, fig. 1a highlights how, as the shaft rotates, the 
generic tooth space volume V1,i of driver gear always 
meshes with the corresponding V2,i of the driven gear. The 

solution adopted to describe the fluid dynamics of two 
conjugated teeth space volumes V1,i and V2,i is similar to the 
one presented in [7,10], although the method developed in 
the mentioned work is suitable only for the prediction of 
the inter teeth volumes pressure transient, while in this 
work the model is conceived to characterize the whole 
pump operating. Following each tooth space volume as a 
separated CV during the whole rotation of the gear, the 
model differs also from the scheme proposed in [5], which 
analyzes the pump using an eulerian approach for the CVs. 
Fig. 1b shows the definition of CVs for the inlet and the 
delivery volumes of the pump. 
The model takes into account the connections between 
every tooth space volume with its surroundings, and the 
changing of net volume in the meshing zone. Eq. (1) gives 
the pressure course inside a generic CV as a function of 
fluid properties, the geometric volume variation and the net 
mass trasfer with the adjacent CVs.  

CV CV
,CV ,CV CV
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d d1 d
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ρ ω

ρ ϑ
 = − −  
∑ ∑  (1) 

 
The flow areas connecting each tooth space volume with 
its surroundings and the actual values of volumes are 
considered depending on the shaft angular position. 
Fig. 2 summarizes the framework on which the model is 
based. During a shaft rotation teeth go into mesh and the 
actual value of each CV changes; besides, with the gear 
rotation, it can be connected to several other chambers by 
means of variable orifices, whose areas follow a precise 
trend. 
 

 
a)        b) 

Figure 1 – Control volumes assumed in the model: teeth 
space volumes (a); inlet and delivery volumes (b) 

 

 
Figure 2 – Basic scheme of connections between the CVs 

of corresponding teeth space volumes 
 



Referring to fig. 2, abbreviations have been adopted to 
identify the different flow areas:  
• FG represents the connection between the two 

corresponding teeth space volumes when they are 
meshing (fig. 3a); 

• DV1 (or DV2) is the connection between V1,i (or V2,i) and 
the delivery volume through the gear whole depth (fig. 
3a); 

• SV1 (or SV2) is the connection at the opposite side, to the 
suction volume (fig. 3a); 

• DG1 (or DG2) represents the connection between V1 (or 
V2) and delivery port through the bearing blocks recesses 
(fig. 3b). Fig. 4 shows also how the possible presence of 
side grooves (commonly used to compensate axial forces) 
can be considered by the DG1 (or DG2) orifices (DG1’ 
and DG2’ indicate the backflow grooves, if they are 
present); 

• SG1 (or SG2) is the analogous connection with the 
suction port (fig. 3b); 

• TLP1 and TLN1 (or TLP2 and TLN2) pertain to the 
leakages between adjacent teeth spaces volumes, due to 
the clearances between teeth tip and pump casing, as 
shown in fig. 5a (TLN refers to the next tooth space 
volume, while TLP to the previous one); 

• BPP1 and BPS1 (or BPP2 and BPS2) refers to leakages 
through the lateral clearances between gear side faces and 
bearing blocks internal surfaces, as shown in fig. 5b 
(BPP: flow between the volume and the previous one, 
BPN: flow with the next volume); 

• BPS1 (or BPS2) indicates the leakage flow between the 
tooth space volume V1,i and the drain line (fig. 5b), which, 
in the analyzed case, returns to the suction line. 

A correct evaluation of the effect of orifices displayed in 
figs. 3 and 4 is necessary to analyse a solution widely used 
for the reduction of the pressure peak due to the 
compression of the inter teeth trapped volume between two 
adjacent contact points. This solution consists in a proper 
design of recesses [4,5], that makes the trapped volume 
never isolate from inlet and delivery (e.g. fig. 6). As shown 
in fig. 6, SG2 comes up before the closure of DG1. In this 
way pressure peaks – or excessive pressure drops – are 
avoided, but there is a flow that comes back from delivery 
to the inlet port. For this reason it is important to obtain a 
proper design of recesses inducing a tiny loss of flow while 
the inter teeth pressure does not rise too much. 
As explained above, every connection between each 
control volume is accounted as equivalent orifice, whose 
area is described as a function of the angular position ϑi of 
the tooth space volume V1,i (see fig. 1a). In particular, that 
function is null outside a defined interval (for example for 
each V1,i and V2,i FG is greater than zero only in the 
meshing zone). Consequently, a correct implementation of 
the model strictly depends on the accurate evaluation of 
these geometrical functions. 
Flow rates between adjacent volumes are evaluated 
considering the incompressible steady-state turbulent flow 
equation for orifices; according to the solution 
implemented in AMESim® standard models (described in 
[14-16]); the influence of the efflux dynamics on the 
correlation between V and ∆p is described by a discharge 
coefficient that depends on Reynold’s number. 
Leakage flows (represented in fig. 2 by BPN, BPP, BPS, 

TLN, TLP), are approximated by the modified Poiseuille 
equation, for fully developed laminar conditions, 
accounting of relative motion of boundary surfaces [14]. 
 

 
a) 

 
b) 

Figure 3 – a) connection between V2 and delivery (DV2), 
suction (SV2) and V1 (FG). b) connection between V1 and 
suction (SG1) and delivery (DG1) through the recesses in the 
bearing blocks 
 

Figure 4 – Particular connections represented by DG1 due 
to the delivery groove and to the backflow grooves (DG1’)  
 

 
a) 

 
b) 

Figure 5 – Evaluation of leakages: between adjacent teeth 
space volumes (a) and in the clearances bounded by gears 
lateral sides and bearing blocks internal surfaces (b) 
  

 
Figure 6 – Inter-teeth trapped volume between two 

adjacent contact points in the meshing zone 



Model implementation 
In fig. 7 the AMESim® diagram of the entire pump is 
presented. A major advantage of the generated pump 
simulation model lies in its suitability as a core element 
(supercomponent) inside the AMESim® simulation 
environment: it is therefore possible to study the behaviour 
of the machine in several circuit dispositions appraising the 
pump-circuit interaction. The majority of sub-models have 
been developed in-house, in C language, through the 
AMESet facilities [16]. The simulation model follows the 
framework of fig. 2, it can be easily adapted to different 
external gear pump geometries. The model has been 
conceived in order to allow the user to describe the pump 
by a number of parameters easy to define. Main pump 
features (e.g. number of teeth per gears, throat areas of 
inlet and delivery ports, etc.) and pump operating 
conditions are declared at the beginning of each simulation. 
The most important sub-models in the sketch of fig. 7 are 
indicated with the label “Multi Ch”. In the sketch of the 
model, the upper “Multi Ch” model refers to driver gear 
(fig. 1), while the lower pertains to the driven gear. The 
C-routine of such model implements the scheme displayed 
in the figure: the “Multi Ch” icon represents an array of 
hydraulic chambers (CVs) whose behaviour is governed by 
eq. (1). The course of the volume of each chamber and its 
first derivative come from an external ASCII file, while 
mass flow rates exchanged with the connected volumes are 
evaluated with external orifices models (only the leakage 
flows TLNi and TLPi are implemented into the sub-model 
itself). All these orifices are modelled with a in-house 
“Multi Orifice” component (fig. 7), in which a number of 

variable orifices equal to the number of teeth of each gear 
is implemented in a C language subroutine. The variable 
chambers located at the bottom left and bottom right of the 
model (fig. 7) compensate the discrepancies of volume that 
would come from the chosen volume framework. In fact, 
when two teeth start meshing, there is a portion of volume 
that instantaneously passes from the tooth to the delivery 
(or suction) volume, as represented in fig. 8. 
A prerequisite of the described model, in order to achieve a 
good prediction of flow as a function of pump operating 
conditions, is the knowledge of all necessary geometrical 
data, namely the variable volumes of teeth space and the 
throat areas of variable orifices, as a function of gear 
position. In the literature (e.g. [5,8]) it is possible to find 
simplified analytic expressions of teeth space volumes as a 
function of gear angular position, however the real trend 
and the throat areas of all orifices are strongly dependent 
on design of gear and recesses in the bearings plates. In 
this work, with the aim of comparing simulation results 
with available experimental data, a deep analysis of pump 
geometry for a particular stock pump was carried out. In 
particular, the evaluation of all needed geometrical data 
was performed through CAD/CAE tools, starting from the 
drawings. 

RESULTS 
 
The model results have been verified through the 
comparison with some available experimental data. In fact 
test campaigns were carried out on a stock pump whose 
main features are summarized in tab. 1. Details concerning 
the test rig utilized are reported in [17].

 

 
Figure 7 – Left: AMESim® circuit of the gear pump. Right: scheme of “Multi Ch” 

and “Multi Orifice” sub-models 

 

 
 



 
Figure 8 – Portion of volume assigned to delivery 

 

  
Table 1 – Main features of the pump 

 
Figure 9 – Delivery pressure (n = 2000 r/min) 

 
Figure 10 – FFT courses (n= 1500 r/min, p / pm ≈ 0.8) 

 
The pressure measured at pump delivery, for a constant 
pump speed, and the measured pump flow rate were later 
compared with the numerical data, obtained simulating the 
whole test circuit used for pump characterization. In 
particular the delivery pipeline downstream of the pump 
was modelled through a distributed line models that 
account for wave propagation and frequency dependent 
friction phenomena, according to the standard models 
provided by the software [16].  
Calibration parameters required by the code, namely all the 
discharge coefficients, were first assumed from the data 
reported in [7,18] for similar conditions, later they were 
slightly adjusted to better match with test data. The model 
has been validated through the comparison between 
predicted and measured pressure at the delivery port for 

several working conditions (e. g. fig. 9). These simulations 
were performed assuming the pump operating with the 
nominal geometrical parameters, neglecting the 
deformation of pump structure with pressure and the initial 
period of adjustment. From fig. 9, the 12 teeth of each gear 
are noticeable observing the 12 pressure peaks during a 
shaft revolution (about 0.03 s at 2000 r/min), 
corresponding to 12 couples of teeth going into mesh. For 
all the considered cases the pressure ripple characteristic of 
this pump is well reproduced in detail by the simulation 
code. As displayed also in the representation of fig. 10, the 
experimental course highlights a low frequency trend – not 
observable in the calculated data – with a period equal to 
the time required for an entire gear revolution. Other peaks 
in the spectrum are well predicted, taking into account the 
approximation imposed by the windows method used for 
the FFT calculation to avoid leakage. The reason of this 
discrepancy could be the eccentricity of gears caused by 
the dimensional tolerances. 
One of the most important results provided by the 
simulations is the trend of pressure inside a tooth space 
volume (fig. 11). The figure shows both pressure and tooth 
space volume versus gear angular position. From the figure 
it is possible to observe how the volume decreases when 
the tooth goes into mesh, with the typically parabolic trend 
(similar to those reported in [5,10]). The figure is very 
useful for understanding the working concept of the pump: 
starting from the condition of tooth volume outside the 
meshing zone (for ϑ approximately greater than 30°), it is 
possible to notice how the pressure begins to increase as 
effect of the aforementioned leakage flows (fig. 5) when 
the pump casing starts covering the tooth tip. The pressure 
suddenly reaches the delivery pressure when the backflow 
groove (DG1’ see fig. 3) starts working (for ϑ ≈150°, point 
B of fig. 11). The described increase follows an initial 
smooth increment (from point A), caused by the leakage 
from the adjacent tooth space volume in which pressure 
has already reached the delivery value. After point B, the 
pressure inside V1 follows the same trend as the delivery 
one, until the tooth reaches again the meshing zone. In fact 
in this period V1 is connected with the delivery through 
DG1’ and DG1, or DV1 (figs. 3 and 4). Fig. 11 points out 
the effect of the shape of the backflow groove adopted in 
the analyzed pump (whose geometry is confidential): it 
realizes a further connection between the tooth space 
volumes in the zone marked with the letter C. The final 
peak marked with D corresponds to the minimum value of 
tooth space volume, reached in the meshing zone. As 
previously described, the maximum pressure value directly 
affects noise and fluctuations at pump delivery, so that its 
prediction is fundamental for the evaluation of pump 
performance. It is also important, in order to verify the 
design of the recesses and avoid any conditions of trapped 
volume isolated from inlet or delivery, the prediction of the 
minimum pressure value related to the quick increase of 
volume V1 (zone E). In this case the model is useful to 
predict any possible onset of cavitation. 
Figure 12 shows the calculated flow rate at the delivery 
port. This result permits the estimation of important 
parameters as the flow ripple and the volumetric efficiency. 
In particular, the course of V in fig. 12 gives a time 
average value of flow rate of about 15.4 l/min; this results 



is consistent with the measured volumetric efficiency of 
this pump, even if the model deals with the leakages in a 
simple manner. 
 

 
Figure 11 - Simulated pressure inside a tooth space volume 

V1 (n = 1500 r/min, delivery pressure = 200 bar) 
 

 
Figure 12 – Predicted mass flow rate at pump delivery 

(n = 1500 r/min, p = 200 bar) 
 

CONCLUSION 
 
This paper describes a numerical model for the simulation 
of external gear pumps. The model, implemented in 
AMESim® environment, is based on a lumped parameter 
framework and it stands out for its ease of use and 
simulation swiftness. The model has been developed and 
validated using as reference a commercial pump produced 
by Casappa S.p.A. Results provided by the model permit to 
analyze the pump operation deeply, showing the trend of 
some parameters which are difficult to measure (e.g. the 
inter-teeth pressure transient) and giving plenty of useful 
information to understand the influence of the main design 
parameters (e.g. the design of the recesses on the bearing 
blocks). Despite the model requires an accurate definition 
of all the pump geometrical features (as functions of the 
gear position) it easily allows the characterization of the 
fluid dynamics of the whole pump, with a wide versatility 
of simulation. Future works will take advantage of the 
approach adopted for the definition of the control volumes 
in the model for prediction of dissymmetric geometrical 
conditions (for example due to possible damage of some 
teeth, or to consider the actual eccentricity of gears while 
pump is operating). 
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ABSTRACT 

 

Hydraulic pump performance monitoring methods that can detect failures by using the outlet pressure signals of the 

pump are investigated. Two faults diagnosis methods, namely conventional spectral analysis method based on FFT and 

wavelet based multi-resolution analysis method, are introduced and their efficiency and reliability are discussed. The 

performance of both diagnoses methods were evaluated based on simulation results and experimental results. Validation 

results obtained from using both methods in analyzing the same sets of data indicated that the wavelet transform based 

fault diagnosis method showed a more sensitive and robust detecting results for all three tested pump faults than that 

obtained from a spectrum analyses approach. 
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INTRODUCTION 

 

The purpose of performance monitoring and fault 

diagnostics are to detect and distinguish faults occurring 

in machinery, in order to provide a significant 

improvement in plant economy, reduce operational and 

maintenance costs, and improve the level of operation 

safety. Hydraulic systems have been used in a wide 

variety of applications ranging from precision control 

on machine tools to task implementation on 

construction equipment and aircraft because of its 

advantages, i.e., the high force to weight ratio, forces 

can be rapidly generated and transmitted over 

considerable distances with very little loss, etc. A 

hydraulic pump is a key component in a hydraulic 

system, and its performance will affect the reliability of 

any hydraulic systems. Therefore, a sensitive and 

accurate faults detection and identification method for 

hydraulic pump performance monitoring and diagnosis 

has great interest to the industry.  

For hydraulic pump/motor performance monitoring, 

potential signals which can be employed include oil 

chemical properties, temperature signal, vibration of the 

shell, flow rate and pressure signals. Efforts have been 

made to implement on-line monitoring and fault 
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detection techniques using easily monitored operating 

parameters. Jardine et al. [1] used a proportional 

hazards modeling statistical approach to optimize a 

mine haul truck wheel motor condition monitoring 

program by analyzing oil test results. Although oil 

analysis has proven a good tool for timing oil changes 

and even fault detections, it has two drawbacks: 1) the 

difficulty of obtaining a representative of oil sample and 

2) the temporal requirements for sampling, testing, and 

evaluating results. Flow data is a hydraulic pump 

operation parameter that is a good indicator of pump 

failure; however, flow data is not cheaply and reliably 

obtained during typical operation and is not applicable 

to variable displacement pump either in real 

applications. As temperature signals are associated with 

the working environment, they are not fit to detect the 

malfunction of pump. Therefore, reliable means of 

analyzing more readily sensed signals is more desirable. 

Because of high noise levels in the pump pulsation 

pressure signal, many existing health diagnosis 

methods, such as limit checking, spectrum analysis, and 

logic reasoning, cannot effectively perform a reliable 

on–line health diagnosis for hydraulic pumps [2].  

Many different diagnostic tools have been used for 

health diagnosis purposes and system performance 

monitoring. An and Sepehri [3] demonstrated a scheme 

in which an extended Kalman Filter is used to estimate 

the state of a hydraulic actuator system. By comparing 

with the corresponding measured states, the residuals 

between the actual state of system and the estimator 

could be used to determine if there any defects occur. 

Wolfman, et al. [4] proposed a multi-model approach 

for fault detection and diagnosis of a centrifugal pump. 

The whole process was decomposed into three 

sub-models pump, pipes, and mechanical subsystem. 

Individual neural-fuzzy sub-model was associated with 

each component to generate relative normal state. 

Evaluation residuals then were designed to implement 

the fault detection process. The superior of this method 

is the capability of supervision of nonlinear system and 

consequently the accuracy of the diagnosis may be 

improved.  

Parametric models have been developed and tested for 

on-line diagnostics of hydraulic pumps [5][6]. Although 

sound and proven theoretical approaches to on-line 

hydraulic pump health diagnosis, these methods are 

dependent on the accuracy of the parametric model 

chosen [7]. Since many factors can influence pump 

performance, parametric models are difficult to perfect. 

The complexities of interrelating pump operating 

parameters are not easily modeled. Using methods that 

are not sensitive to slight changes of pump operating 

features would allow more applicable and reliable pump 

health diagnostics.  

Fourier transforms decompose a signal into its 

frequency content. From this decomposition, a power 

spectrum can be calculated to determine which 

frequencies are most prevalent in the signal. Similarly, 

wavelet analysis, a waveform signal analysis method 

performed by breaking up an evaluating signal into 

shifted and scaled versions of a standard wavelet, can 

identify feature signals in multiple decomposed band 

window of the original signal [8]. Where the FFT 

decomposes a signal into scaled versions of a sine wave, 

wavelet analysis can decompose a signal into both 

scaled and shifted versions of almost any waveform 

preserving the time parameter of the signal. Both 

methods are sensitive to changing of the evaluating 

signals in interested frequency bands. Therefore, these 

two methods are promising hydraulic pump fault 

detection techniques as each method allows for each 

system to create a characteristic pattern for the pump 

being monitored on a specific machine. This flexibility 

will eliminate errors often encountered by model-based 

techniques. 

In this paper, outlet pressure data of the pump is 

selected as the signal to evaluate because most hydraulic 

systems already have pressure gauges incorporated into 

the system for monitoring during operation. The 

presence of this signal in most hydraulic systems makes 

it a prime candidate to use in an on-line hydraulic pump 

health monitoring system. The pressure signals were 

analyzed using two methods, Fourier transforms and 

wavelet packet analysis, in order to achieve high 

accuracy and reliability for pump performance 

monitoring. 

 

FUNDAMENTAL OF METHODOLOGY 

 

FOURIER TRANSFORMS – Fourier transforms 

decompose a signal into its frequency content by 

comparing various scales of a sine wave to the signal. 

The result is a frequency versus amplitude relationship. 

Here, the discrete Fourier transform in Eq. (1) is 

calculated using the Fast Fourier transform (FFT) 

algorithm. 
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From the Fourier transform of the pressure signal, the 

power spectra was calculated and used to determine 

which frequencies are most prevalent in the signal. 

WAVELET AND WAVELET PACKET ANALYSIS - 

Wavelet analysis is a waveform signal analysis method 

performed by breaking up an evaluating signal into 

shifted and scaled versions of a standard wavelet. 

However, there are two important differences between 

wavelet analysis and Fourier transforms. Where the FFT 

decomposes a signal into scaled versions of a sine wave, 

wavelet analysis can decompose a signal into scaled and 

shifted versions of almost any waveform. Waveforms 

can be selected to closely match the shape of the signal 
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being analyzed. Selecting a waveform to be similar to a 

normal signal provides more sensitivity to detecting 

changes [8]. Secondly, wavelet analysis retains the time 

dimension of the data. The chosen wavelet is compared 

to local sections of the signal through translation of the 

wavelet along the signal at different dilations or scales 

of the mother wavelet. Wavelet coefficients are 

preserving the time parameter of the signal. This 

distinguishing feature of wavelet analysis allows the 

time of a specific event to be identified. For this 

research, the discrete wavelet transformation (DWT) is 

used. The DWT uses the power-of-two logarithmic 

scaling of both the dilation and translation steps, known 

as a dyadic grid arrangement. The discrete wavelet 

transform of a signal using a mother wavelet 
, ( )

m n
tψ  

using the dyadic grid is shown in Eq. (2). 

 
/ 2

, ( ) 2 ( ) (2 )m m

m nW f dt f t t nψ− −= −∫   (2) 

 

Where, nm,  range over Ζ (integer space). For a 

special choice of ( )tψ , the discrete wavelets can 

constitute an orthonormal basis, and a signal ( )f t can 

be represented by the sum of its smooth approximation 

(low-pass) and its detail description (band-pass), which 

is given by 
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Where, the first term 
0

( )
m

P f t is the coarser 

approximation of ( )f t  in scale m0, and the second 

term ( )mD f t  leads to the differences among each 

dilation. ( )tϕ  is the so called ‘scaling function’ [9]. 

Consequently, there is 
0 0 01

( ) ( ) ( )
m m m

P f t P f t D f t
−

= + . 

Which implies that: if a signal is fine-scale 

approximated at 
0 0

( )
m

P f t f= , then it can be 

decomposed into 
0 00 1 1 1 1

( ) ( )
m m

f P f t D f t f d
+ +

= + = + , 

where 1f  is the next coarser approximation of 0f , and 

1d  is what is lost in the transition from scale m0 to m1. 

Using the same approach, the ith level decomposition of 

the original signal if  can be further decomposed into 

1 1i i if f d+ += + , i = 1, 2, ..., . The approximation of 0f  

in the ith level can be represented with the 

approximation coefficient vector with the scaling 

function, whilst the detail of 0f  is represented with the 

detail coefficient vector and the scaled mother wavelet 

as shown in Eq. (4). 
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In harmonic analysis, such a decomposition procedure is 

referred to as a ‘two-channel’ sub-band filtering scheme. 

The incoming sequence is convolved with two different 

filters, one low-pass and one high-pass. The two 

resulting sequences are then sub-sampled. Based on this 

scheme, a set of examining signals is decomposed using 

a low–pass filter and a high–pass filter, which results in 

two sets of sub–band signals. The sub–bands signals are 

then reassembled to perform wavelet analysis. 

Schematically, the scheme of a three–level 

decomposition wavelet analysis to reassemble the 

original signal and the sub-band by each sub-sampled 

signal can be represented as shown in Figure 1. 

 

 

 

 

 

Unlike wavelet analysis, in which only the 

Original signal (k Hz)

f1 (0-k/2 Hz) d1 (k/2-k Hz)

f2 (0-k/4 Hz) d2 (k/4-k/2 Hz)

f3(0-k/8 Hz) d3 (k/8-k/4 Hz)

Original signal (k Hz)

f1 (0-k/2 Hz) d1 (k/2-k Hz)

f2 (0-k/4 Hz) d2 (k/4-k/2 Hz)

f3(0-k/8 Hz) d3 (k/8-k/4 Hz)
 

 

Figure 1 A three level wavelets decomposition scheme 
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Figure 2 Wavelet packet decomposition 
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approximation of the signal is further decomposed and 

the number of details depends on the level of 

decomposition, wavelet packet analysis decomposes 

both approximations and details of a signal. Hence, 

wavelet packet analysis is capable of identifying feature 

signals in multiple decomposed band windows of the 

original signal. Figure 2 illustrates the decomposition of 

a signal using wavelet packet analysis with three level 

decomposition.  

From wavelet analysis of the pressure signal, the 

wavelet coefficients corresponding to interested 

sub-band are calculated and used to determine if defects 

of the monitored pump occur. 

 

FAULT DETECTION AND DIAGNOSIS RESULTS 

 

SIGNAL SELECTING - The common faults of an axial 

piston pump include swash plate wear, control (or 

valve) plate wear, loose of the ball-socket joints, bearing 

failure, and fatigue failure of the central return spring. 

Those faults will be reflected in the pump discharge 

pressure and are normally buried in the pressure 

pulsating signals. Furthermore, other fault scenarios, 

such as cavitation, hydraulic blocking, pipe resonance 

and leakage, will also be reflected in the discharge 

pressure signals. Thus, the pressure signal covers 

sufficient information and takes little effectives of the 

background noise signals because of its property of 

‘inner measurement’. When compared with the 

vibration signal, the pressure signal is considered more 

suitable for the analysis and detection of faults of the 

axial pump. This paper considers two kinds of common 

faults of the axial piston pump, namely control plate 

wear and loose ball-socket joints. For validating the 

proposed method, simulations and analysis based on a 

theoretical model are carried out prior to completing the 

experiment itself.  

SIMULATION ANALYSIS – A simulation model of 

piston pump was developed for this investigation in 

previous work [10]. For a pump with seven pistons, 

where the rotational speed is n (rpm), then the rational 

flow pulsation frequency is ω1 = 14πn/60 (rad/s), the 

disturbance frequency due to piston ball-socket 

excitation is ω2 = 2πn/60 (rad/s), and the disturbance 

frequency due to swash plate excitation (ω3) depends on 

the worn condition of the swash plate. Under normal 

operating conditions, the pump speed (n) was set at 

1470 rpm, and the swash plate was worn within the 

high-pressure area. This resulted in the following 

parameters for the model: ω1 = 1077.57 (rad/s) = 171.5 

(Hz), and ω2 = ω3 = 153.94 (rad/s) = 24.5 (Hz).  

In this case, ω1 is the highest frequency, and ω2, ω3 are 

each ω1/7. Therefore, the proper critical frequency 

should be around ω2. the simulation signals of the 

normal condition and two malfunction scenarios are 

shown in Figure 3. 

 

 

 

Figure 4 shows the Fourier transform result for the 

simulation results. From these plots, the feature 

frequencies are identified to be 25 Hz, 158 Hz, and 185 

Hz. Where frequencies of 158 and 185 Hz figure out the 

normal pulsation frequencies of outlet pressure of the 

pump, the frequency 25 Hz features malfunction of 

pump. The power spectrum changes most between 

pumps at the 25 Hz regions. Therefore, the power of the 

signal was summed for a 30 Hz window around this key 

frequency in order to create a feature parameter to 

judging the performance of the monitored pump. 

By applying Fourier transform, the summation of the 

spectra power of each fault signal from 10 Hz to 40 Hz 

is compared with the one of the normal signal to form a 

relative residual. Similarly, applying a three level 

wavelet packet transform to the original pressure signals, 

eight wavelet coefficients can be obtained for each 

signal. The square root of the summation of square 

coefficient vector to each wavelet coefficient is 

calculated to construct a wavelet feature parameter. 

Then the fault wavelet feature parameters are compared 

with the normal feature parameters to determine the 

residuals of wavelet analysis. This process can be 

described as the following equation: 
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(a) Normal pressure signal 
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(b) Defects excited by piston ball-socket loose 
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(c) Defects excited by swash plate worn 

 

Figure 3 Simulation results based on the pump 

pulsation model 
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where, FR is the Fourier residual, fP, nP the fault and 

normal power of signal. WR is the residual of the 

wavelet analysis, fc, nc the fault and normal wavelet 

coefficients. The results are shown in Table 1. 

When looking round the simulation results shown in 

Table 1, it can be seen that the Fourier residuals and the 

wavelet residuals within 23 to 46 Hz are sensitive to the 

change of pump performance. If the obtained residual 

value exceed relative threshold value for a health pump, 

it can conclude that the corresponding pump is faulty. 

This result can be used to design an on-line pump 

performance monitoring and diagnosis algorithm. 

 

 

EXPERIMENTAL VALIDATION - The validation test 

of the proposed fault diagnosis methods are conducted 

on a laboratory scale hydraulic system test-rig. The 

test-rig consists of an electro-hydraulic servo valve, two 

testing pumps (a normal pump and a defected pump), 

and other auxiliary devices and sensors. The pumps 

used in this test are 10 ml/rev fixed displacement axial 

piston pumps. Both pumps were operated at 1,470 rpm. 

The system pressure was 6.5x10
6
 Pa set by a relief valve. 

The pressure sensors are installed on the discharge port 

of the pumps for collecting the pressure signals. When 

one pump was being tested, the otherpump was shut off 

to avoid any possible inference to the discharge pressure 

of the testing pump. The obtained pressure signal was 

analyzed on–line using a MATLAB program developed 

for this research based on the method discussed earlier 

in this article. 

Figure 5 shows the pump discharge pressure obtained 

from the normal pump, a defective pump with loose 

ball-socket, and a defective pump with a worn swash 

plate. The residuals obtained are shown in Table 2. 

Comparing the results showed in Figure 5, the raw 

signals, the discharge pressures, showed little difference 

between the normal pump and the defected pumps. This 

indicates that the surface data (for the pump outlet 

pressure), was not able to provide sufficient information 

to support pump health diagnosis. After applying 

wavelet decomposition on the raw pressure signals from 

three pumps, wavelet residuals from both defected 

pumps (within 23 to 46 Hz and 69 to 93 Hz) resulted in 

wilder variations than that of the normal pump. Both the 

theoretical analysis and experimental tests showed that 

the 3
rd

 level wavelet decomposition could extract the 

feature signals from pump discharge pressure signal for 

diagnosing the piston pump health conditions. More 

importantly, the patterns of the coefficient changes were 

different for different types of pump defects. This fact 

verified that the wavelet analysis method can improve 

the capability of diagnosing the health conditions of the 

piston pumps by decomposing the original pulsation  
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Figure 4 Spectra analysis of the pressure signal 
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(a) Normal pressure signal 
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(b) Defects excited by piston ball-socket loose 
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(c) Defects excited by swash plate worn 
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(d) Spectra power of the pressure signal 

 

Figure 5 Test pressure signals 
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Table 1 Simulation results: Fourier residuals and wavelet residuals 

Wavelet packet analysis WR 
 

Spectra analysis 

FR Sub-band (Hz) 0-23 23-46 46-69 69-93 93-116 116-139 139-162 162-185 

fnormal 0 fnormal  0 0 0 0 0 0 0 0 

ffault1 3.6 ffault1 0 0.263 0.004 0.021 0.085 0.036 0.003 0.0027 

ffault2 15.07 ffault2 0 0.938 0.004 0.039 0.079 0.043 0.003 0.0017 

 

 

Table 2 Test results: Fourier residuals and wavelet residuals 

Wavelet packet analysis WR 
 

Spectra analysis 

FR Sub-band (Hz) 0-23 23-46 46-69 69-93 93-116 116-139 139-162 162-185 

fnormal 0 fnormal  0 0 0 0 0 0 0 0 

ffault1 0.089 ffault1 0.003 0.668 0.707 0.883 0.201 0.178 0.470 0.368 

ffault2 2.738 ffault2 0.002 0.949 0.309 0.553 0.871 0.439 0.212 0.322 

 

 

pressure signals, and that the patterns and the 

amplitudes of wavelet coefficients obtained from 

different decomposed signal windows are relevant to the 

types of pump defects. 

 

CONCLUSIONS 

 

The use of discharge pressure provided the direct 

information for the diagnosis of the health of system 

signals. This can improve the diagnostic accuracy by 

overcoming the limitations caused by noise and 

disturbances acting on the indirectly measured signals. 

The following concluding remarks follow from the 

results obtained from theoretical analysis and 

experimental testing. 

• The decomposition of the original pressure signals 

resulted in sub–band informative signals. 

Reassembling these sub–bands signals and 

comparing them with a standard wavelet resulted in 

distinguishable changes between wavelet 

coefficients from normal and defective pumps.  

• The differences in the patterns and amplitudes of 

the resulting wavelet coefficients within different 

band windows provided distinguishable features to 

identify the types of pump defects.  

• The validation tests proved that the wavelet 

analysis could be implemented on–line to support 

real–time health diagnosis without affecting the 

normal operation of the pump. 
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ABSTRACT 

 
A new type of camshaft connecting-rod low speed high torque (LSHT) hydraulic motor providing continuously 

variable displacement is presented in this paper. On the base of traditional LSHT hydraulic motor with dual 
displacement, a continuously variable displacement mechanism, which is composed of a hydraulic control valve with 
mechanical-positional feedback to camshaft, is designed for the traditional LSHT hydraulic motor. So the cam ring on 
camshaft of the traditional LSHT hydraulic motor can stop at any position between minimum and maximum eccentricity, 
according to an input fluid pressure signal or an input electric control signal, and can stay anywhere stabilized through 
self-adjusting. The new type of continuously variable displacement mechanism is simple, stable and easy to be made. 
Firstly, the structure and principle of the continuously variable displacement mechanism is introduced in this paper. 
Secondly, the mathematic model is set up. 
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mechanical-positional feedback 
 
 
 

NOMENCLATURE 

1A : cross section area of  the small varying 
displacement piston 

2A : cross section area of  the large varying 
displacement piston 

cA : cross section area of the valve collar 

cB : viscous damping coefficient  

dC : flow coefficient 

 
e  : eccentricity 
F : loading force acting on the cam ring 

1k  : spring coefficient of the restoring spring 

2k  : spring coefficient of the one in the small varying 
displacement piston chamber 

K : eccentric rate 
m : mass of the cam ring and two varying displacement 

pistons 
P : hydraulic force of the intake port fluid acting on 

one radial piston 



0p : draining pressure, , here 0 0p ≈

1p : pressure in the small varying displacement piston  
chamber 

2p : pressure in the large varying displacement piston 
chamber 

cp : control pressure 

sp : supply pressure 

1Q : flow into the small varying displacement piston 
chamber 

2Q : flow into the large varying displacement piston 
chamber 

01V : initial volume of the small varying displacement 
piston chamber 

02V : initial volume of the large varying displacement 
piston chamber 

1V : instantaneous volume of the small varying 
displacement piston chamber 

2V : instantaneous volume of the large varying 
displacement piston chamber 

w : area gradient 
x  : valve collar displacement 

0x  : pre-compression distance of the restoring spring 

vx : displacement of spool from a initial position 
y : displacement of the cam ring 

0y  : pre-compression distance of the spring in the 
small varying displacement piston chamber 

β : structure angle, 
5
π

, here 

eβ : fluid bulk modulus 
ρ  : fluid density 

1ϕ : geometric rotating angle of the cam ring from the 
axis of a piston chamber in the motor  

 
INTRODUCTION 

 
Camshaft connecting- rod type low speed high 

torque hydraulic motors are widely used in many 
industrial fields. They are typically of fixed or single 
displacement. If the camshaft connecting- rod type low 
speed high torque hydraulic motors work in two discrete 
positions through the fluid pressure control in the two 
varying displacement piston chambers on the camshaft, 
the working mode is of dual placement. Unlike axial 
piston pumps or motors, there is still no mechanical 
structure or circuit that could accomplish the task of 
continuously varying displacement in radial piston 

pump or motor yet. People just added hydraulic and 
electronic valves or circuits to fixed or dual placement 
motors to continuously control the angular velocity of 
the camshaft[1]. Thus camshaft connecting-rod type 
motors could work in a status of constant power output 
to improve overall efficiency. 

Based on the traditional LSHT hydraulic motor 
with dual displacement, a continuously variable 
displacement mechanism is designed for the traditional 
LSHT hydraulic motor in this paper. The patented 
mechanism is mainly composed of a hydraulic control 
valve with mechanical-positional feedback to camshaft. 
So the cam ring on camshaft can stop at any position 
between minimum and maximum eccentricity, 
according to an input fluid pressure signal or an input 
electric control signal, and can stay anywhere stabilized 
through self-adjusting. Firstly, the structure and 
principle of the continuously variable displacement 
mechanism is introduced in this paper. Secondly, the 
mathematic model is set up. 
 

MECHANISM AND PRINCIPLE 
 
Mechanical structure 
      

A typical radial piston camshaft connecting- rod 
LSHT hydraulic motor with dual displacement is shown 
in Fig.1. Two fluid channels connect two varying 
displacement piston chambers on the camshaft 
respectively. If one channel is supplied with high 
pressure oil from the intake port of the motor or from an 
isolated power unit, the corresponding varying 
displacement piston chamber is full of high pressure oil 

 
 

 
 

Figure 1 Schematic diagram of a radial piston LSHT 
hydraulic motor with dual displacement 



and the corresponding large or small varying 
displacement piston will push the cam ring on the 
camshaft to a limited position. Thus, the motor works at 
its maxi or mini eccentric position and has its maxi or 
mini fluid discharging volume. As shown in Fig.1, when 
the small varying displacement piston pushes out, the 
motor is at its maxi eccentric position. While the large 
piston pushing out, it is vice versa. 

As shown in Fig.1, the author improves the 
camshaft connecting- rod LSHT hydraulic motor with 
dual displacement by adding a spool valve structure to 
the camshaft and cam ring to realize the continuously 
displacement function. Fig.2 is a schematic diagram of 
the continuously variable displacement mechanism. As 
shown in Fig.2, component 1 is a valve collar that has 
five pairs of round or quadrate orifices on it. Component 
2 is a 3-land valve spool and has a long draining orifice 
to prevent dead cavity. Component 3 is a restoring 
spring acting on the open side of the valve collar and 
precision tempered. Component 4 is a screw-worm 
structure making the valve spool and component 5, the 
cam ring, hard-connected to send out a 
mechanical-positional feedback signal. Component 6-9 
is the small varying displacement piston, the restoring 
spring in the small varying displacement piston chamber, 
the camshaft and the large varying displacement piston 
respectively. Component 6, 7 and 9 are unchanged 
compared with the typical radial piston camshaft 
connecting- rod LSHT hydraulic motor with dual 
displacement. 
 

 
 
Figure 2 Schematic diagram of a continuously variable 

displacement mechanism 
 

Fig.3 is a schematic diagram of the working 
principle of a continuously variable displacement 
mechanism. Seen from Fig.2 and Fig.3, there is a 
machined valve house in the camshaft. There are 5 
grooves in the valve house named as e1-e5. e1 and e5 

connect the draining channel, the fluid pressure is 0p , 
the pressure in the motor main-body house which can be 
assumed to be 0. e2 connects the small varying 
displacement piston chamber and e4 connects the large 
one. e3 connects the supply channel which fluid 
pressure is sp . The supply fluid comes from the intake 
port of the motor or an isolated power unit. The top of 
the valve house connects the control channel which 
fluid pressure is cp . The control fluid which pressure 

signal cp is determined by a hydraulic circuit or 
adjusted by an electric control circuit, acts on the close 
side of the valve collar, moving the valve collar against 
the restoring spring. The five pairs of orifices on the 
valve collar are named as w1-w5, mapping e1-e5. The 
fit between the valve house, the valve collar and the 
valve spool is close-tolerance, forming five cavities 
named as z1-z5. 

Fluid in cavity z2 and z5 drains into the motor 
main-body house through the orifice on the spool and 
clearance between spool and the open side of the valve 
house. 
 

 
 
Figure 3 Schematic diagram of the working principle of 

a continuously variable displacement mechanism 
 
Principle 
     

Seen from Fig.3, the motor works at its maxi 
eccentric position and has its maxi fluid discharging 
volume. The working principle is explained through 4 
cases: case 1-case2 on how to reduce or improve the 
eccentric rate, case 3-case4 on returning to its stable 
working status from a smaller or larger discharging 
volume. 

 
Case 1 

If a smaller discharging volume is needed, the 



control fluid with an adjusted pressure signal cp  enters 
cavity z1 and pushes the valve collar down overcoming 
resistance of the restoring spring until the force formed 
by cp  equals the one formed by the restoring spring. 
Then the valve collar stops at a new balance position. 
Assuming the friction between the valve collar and the 
spool could be neglected, movement of the spool is 
independent from the valve collar. When the collar 
shifts down, the orifices w3 on the valve collar open, 
supply fluid which pressure is sp  enters the large 
varying displacement piston chamber through the access 
of groove e3, orifices w3, cavity z4, orifices w4 and 
groove e4, pushes large varying displacement piston out. 
Thus the cam ring goes down and the eccentricity 
decreases. The spool moves together with the cam ring 
because of the mechanical linkage between them. When 
the cam ring and the spool move to the place where the 
valve collar is, orifices w3 is closed and the access is 
shut down. Motor is at its new eccentric position. This is 
a typical mechanical-positional negative feedback. 
When the supply fluid which pressure is sp  enters the 
large varying displacement piston chamber, the fluid in 
the small varying displacement piston chamber drains 
into the motor main-body house through the access of 
groove e2, orifices w2, cavity z3, orifices w1 and 
groove e1. The two accesses open up and shut off at the 
same time. Because the control fluid pressure signal cp  
could be adjusted continuously, the eccentricity could 
also change continuously. The function of continuously 
variable displacement is realized. 

 
Case 2 
 

When the motor works at a middle eccentricity and 
a larger discharging volume is needed, the pressure 
signal cp comes down, the restoring spring pushes the 
valve collar up overcoming resistance of the control 
fluid until the force formed by cp  equals the one 
formed by the restoring spring. Then the valve collar 
stops at a new balance position. When the collar shifts 
up, the orifices w3 open, supply fluid which pressure is 

sp  enters the small varying displacement piston 
chamber through the access of groove e3, orifices w3, 
cavity z3, orifices w2 and groove e2, pushes small 
varying displacement piston out. Thus the cam ring goes 
up and the eccentricity increases. When the cam ring 
and the spool move to the place where the valve collar 
is, orifices w3 is closed and the access is shut down. 
Motor is at its new eccentric position. At the same time, 
the fluid in the large varying displacement piston 
chamber drains into the motor main-body house through 
the access of groove e4, orifices w4, cavity z4, orifices 

w5 and groove e5. The eccentricity could change 
continuously. 

 
When cp  equals 0, the motor has a maxi fluid 

discharging volume. When the restoring spring is 
compressed to the bottom, the motor has a mini fluid 
discharging volume. Theoretically, the eccentricity 
could decrease to 0. 
 
Case 3 
 

While the spool valve structure working at a stable 
position, all the fluid accesses are blocked. If the 
eccentricity decreases because of load impact or leakage, 
the spool shifts down because of the mechanical linkage 
with the cam ring. The fluid accesses are the same as 
case 2. Supply fluid enters the small varying 
displacement piston chamber and the eccentricity 
increases again until the fluid accesses are blocked. The 
motor returns to its stable status. 
 
Case 4 
 

If the eccentricity increases because of load impact 
or leakage, the spool shifts up. The fluid accesses are 
the same as case 1. Supply fluid enters the large varying 
displacement piston chamber and the eccentricity 
decreases again until the fluid accesses are blocked. The 
motor returns to its stable status. 
 

MATHEMATICAL MODEL 
     
    The movement law of the cam ring and the spool 
valve structure on the camshaft is a composite linear 
and rotating motion. The rotating speed of LPHT motors 
is always quite low and the system pressure is usually 
rather high. So the effect of rotating motion on linear 
motion could be neglected.  

The character of the spool valve structure is the 
same as that of a 4-way spool valve. It is had better 
zero-lapped. The character of the spool valve structure 
and two varying displacement piston chambers is the 
same as that of a valve-controlled hydraulic cylinder 
except that the two varying displacement piston 
chambers are unsymmetrical. 

Assuming there is no leakage and supply fluid 
enters the small varying displacement piston chamber, 
the flow equations of the spool valve structure are given 
by 

( )1 1
2

d v sQ C wx p p
ρ

= −                               (1) 

 

2
2

d vQ C wx p
ρ

= 2
                                 (2) 



The flow equations of the two varying 
displacement piston chambers are given by 
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where  and V  are given by 1V 2

 

1 01 1 vV V A x= +                                 (5) 
 

2 02 2 vV V A x= −                                 (6) 
 
The force balance equation of the valve collar and 

the restoring spring is expressed as 
 

1 0(c cA p k x x= +                                  (7) 
 
The force balance equation of the system is 

expressed as 
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When the camshaft rotates the force changes 

from time to time. The varying law
F

[2] is determined by 
structures of LSHT motors: 
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When supply fluid enters the large varying 

displacement piston chamber, the force balance equation 
of the system is expressed as 
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where 

vy x x= ±                                         (12) 

    When the spool valve structure works at a stable 
position, y x= . 

Getting by solving equation (8) or (11), the 
relationship between control pressure and eccentricity 
(seen from Fig. 4): 

y

 
maxe e y= −                                         (13) 

 

 
 
  Figure 4 relationship between cp and  e
 

CONCLUSIONS 
 

By adding a spool valve structure to a traditional 
radial piston crankshaft connecting- rod LSHT 
hydraulic motor with dual displacement, the task of 
continuously varying displacement is realized. Through 
mechanical-positional feedback and self-adjusting of the 
continuously variable displacement mechanism, the cam 
ring on camshaft of the traditional LSHT hydraulic 
motor can stop at any position between minimum and 
maximum eccentricity. The new type of continuously 
variable displacement mechanism is simple, stable and 
easy to be realized. 

The character of the spool valve structure is the 
same as that of a 4-way spool valve. The character of 
the spool valve structure and two varying displacement 
piston chambers is the same as that of a valve-controlled 
hydraulic cylinder. These characters are very typical and 
there have been many literatures about them. 
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ABSTRACT 
 

An articulation-type passive element is a planate bag containing articulating thin plates. It can be freely contracted and 
bent to fit an arbitrary rounded surface. Evacuation of the internal air renders the bag rigid so that it maintains whatever 
shape it has been given. The stiffness of the articulation-type passive element is proportional to the reduction in internal 
pressure below atmospheric pressure. Experimental results show that the stiffness is higher and more stable than that of 
other passive elements that function by vacuum pressure. As an application of the new passive element, we developed 
an orthopedic cast that is easy to remove or change in shape. The passive element is also applicable to wearable force 
displays. Passive elements fixed on an operator provide a sensation of reaction force by constraining his or her motion. 
The new passive element is suitable for wearable mechanisms, by virtue of being lightweight, soft, and safe. 
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INTRODUCTION 

 
Wearable robots for assisting human motion must be 
lightweight so as not to impose a burden on the wearer. 
They also must be soft so as not to obstruct various 
motions made by the wearer. Lastly, they must be safe 
so as not to injure the wearer when they are broken. In 
view of these requirements, conventional robots 
composed of electric motors and metal frames seem 

unsuitable. Since pneumatic actuators such as rubber 
actuators are soft and lightweight as compared with 
electric motors, wearable robots employing pneumatic 
actuators have been developed [1-5]. However, these 
robots also involve a risk of exerting excessive force 
when they are broken. We have developed some 
wearable robots that employ passive elements. For 
example, fixing knee joints by passive elements lightens 
the load of lower limbs for supporting body weight [6]. 
Adding resistance to hand motion by passive elements 
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fixed on the hand provides the wearer with a sensation 
of touching an object or of moving water with viscosity 
[7]. These wearable robots work as inherently passive 
systems that never exert excessive force in the event 
they malfunction. In this paper, we examine a novel 
passive element called an articulation-type passive 
element. It can be freely contracted and bent to fit an 
arbitrary rounded surface. Evacuation of the internal air 
renders the element rigid so that it maintains whatever 
shape it has been given. We have developed several 
types of passive elements that function by vacuum 
pressure [8]. The new passive element has higher and 
more stable stiffness than do other, previously 
developed passive elements. The structure and 
mechanical properties of the element will be described 
in this paper. 

  
Structure of the articulation-type passive element 

 
Figure 1 depicts the structure of the articulation-type 
passive element. A planate bag contains articulating thin 
plates, which are bound by wires through rectangular 
holes formed in the plates. Each plate can rotate about 
the rectangular hole and slide. By combining the 
rotation and sliding, the element can be contracted and 
bent as shown in Figure 2. As shown in Fig. 3, the 
element also forms a curved surface by rotation and the 
sliding of the plates. The bag containing the articulated 
thin plates is made of a vinyl film, which is easily bent 
but cannot be lengthened. The thin plates are made of 
plastic. When the inside air is evacuated, atmospheric 
pressure compresses the thin plates, and the plates 
motions are locked into an arbitrary shape by friction. 
Stiffness can be adjusted by varying the internal 
pressure. 

 

 
 

Figure 1 Structure of the articulation-type passive 
element. 

 
 

Figure 2 Contraction and bending. 
 

 
 

Figure 3 Bending along the connection wires. 
 

Mechanical properties of the articulation-type 
passive element 

 
Factors of stiffness 
The stiffness of the articulation-type passive element is 
produced by the friction of the stacked plates and the 
elasticity of the covering film. The constraint torque 
exerted by the friction force on the plates can be 
expressed by 
 

 3

2
1 rPnT πμ−=                            (1) 

 

where  
T  Constraint torque 
n  Number of stacked plates 
μ  Friction coefficient 
P   Gauge pressure 
r   Radius of the contact circle area on the plates. 
 
The stiffness produced by the covering film is affected 
by the elasticity, the friction between the covering film 
and the plates, and the size of the covering film. 
 
Experimental setup 
In order to examine mechanical properties, we measured 
the stiffness of articulation-type passive elements. All 
articulation-type passive elements measured in the   
following experiments were composed of Polyester 
plates. Figure 4(a) depicts the size of a plate. The 
thickness of the plate is 0.188[mm]. Ten plates were 
articulated in series, and 50 to 150 plates were stacked 
and bound by plastic wires. One edge of the 
articulation-type passive element was fixed, and the 
adjacent plate was pushed to rotate around the hole on 
the fixed plate. The reaction force and the displacement 
were measured during this operation. Stiffness is 
affected by the distance of neighboring plates, because 
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the distance correlates with the contact area on the 
plates. The distance was set to the maximum in the 
following experiments. Therefore, the stiffness 
measured in the following experiments is expected to be 
minimum. The distance between the point of pushing 
and the axis of rotation was 13[mm]. 
 

 
Figure 4  (a) Size of a plate (b) Experimental setup. 

 
Effect of inside air pressure 
Figure 5 shows the stiffness of an articulation-type 
passive element at various inside air pressures. The 
covering film of the passive element was urethane 
having a thickness of 0.2[mm]. Fifteen articulated plates 
were stacked and bound by wires.  Therefore, the 
passive element consists of 150 plates. Figure 6 shows 
the relation between reaction force at various 
translations and internal air pressure. Stiffness was 
proportional to the reduction in internal pressure below 
atmospheric pressure. However, stiffness at 0[kPa] is 
almost zero. This characteristic indicates that the 
stiffness of the articulation-type passive element can be 
controlled by the internal air pressure. 
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Figure 5 Stiffness at various internal air pressures. 
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Figure 6 Relation between stiffness and internal air 

pressure. 
 
Effect of number of stacked plates 
Figure 7 shows stiffness of the articulation-type passive 
elements, consisting of 50, 100, and 150 stacked plates, 
at -70[kPa]. The width of the passive element was 10, 
20 or 30[mm]. The covering film was urethane having a 
thickness of 0.2[mm]. Figure 8 shows the relation 
between the number of stacked plates and stiffness of 
the passive element. Stiffness is proportional to the 
number of stacked plates; this relation coincides with 
the theoretical expression of constrained torque shown 
in Eq.(1). However, the effect of the number of stacked 
plates should be examined in isolation from the effect of 
the covering film, since the covering films of these 
passive elements differ in thickness. The analysis will 
be described in the following section.  
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Figure 7 Stiffness of the passive elements, consisting of 

various numbers of stacked plates. 
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Figure 8 Relation between number of stacked plates and 

stiffness. 
 
Effect of the covering film 
Figure 9 shows stiffness of passive elements composed 
of various covering films. The materials of the covering 
films are urethane (thickness 0.2[mm]), rubber 
(thickness 0.3[mm]), cloth-coated vinyl (thickness 
0.2[mm]), and vinyl (thickness 0.1, 0.2, 0.3[mm]). 
Figure 10 shows elongation stiffness of these covering 
films. The measured covering films have a width of 
10[mm] and a length of 50[mm]. These figures indicate 
that stiffness of the passive elements correlates with the 
elongation stiffness of the covering films.  
To dissociate the effect of covering film and the brake 
torque of stacked plates in stiffness of the passive 
element, we used two methods to estimate the stiffness 
produced by the covering film. The first method 
estimates stiffness from the elasticity of the covering 
film. The elongated length is estimated geometrically, 
under the assumption that the covering film does not 
slip on the thin plates. The second method estimates 
stiffness from observation of stiffness at various internal 
air pressures (Figure 11). Since the linear relations 
between stiffness and internal air pressure have their 
intercepts at 0[kPa], we assume that these intercepts 
represent stiffness produced by the covering film. Note 
that actual stiffness at 0[kPa] is almost zero. Figure 12 
compares values of stiffness estimated by the two 
methods. Over the entire range depicted, the two 
estimates are almost identical. Figure 13 shows the 
breakdown of stiffness of the passive elements. The 
estimated brake torque was derived by subtracting the 
stiffness produced by the covering film from total 
stiffness of the passive elements. Estimated brake torque 
was almost identical, with the exception of the elements 
covered by thick vinyl sheets.  
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Figure 9 Effect of the covering film. 
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Figure 10 Elongation stiffness of covering films. 
 

 urethane
rubber
cloth
 vinyl 0.1
vinyl 0.2
vinyl 0.3

R
ea

ct
io

n 
Fo

rc
e 

[N
]

Pressure [kPa(G)]
0 -20 -40 -60

10

20

30

40

50

60

 
Figure 11 Relation between stiffness and internal air 

pressure. 
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Figure 12 Stiffness values estimated by two methods. 
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Figure 13 Breakdown of stiffness. 
 

Reusable cast composed of articulation passive 
elements 

 
Structure of the reusable cast 
We developed a reusable orthopedic cast as an 
application of the articulation-type passive element. 
Conventional casts are made rigid by chemical reaction 
with water. Once it becomes solid, a conventional cast 
can be removed only by cutting with a grinder. The 
cutting process is unpleasant for patients. The cast 
developed from the articulation-type passive element is 
made rigid by evacuating the inside air. It is reusable, 
and shape and stiffness can be adjusted by the internal 
air pressure. 

 
Figure 14 Reusable cast composed of articulation-type 
mechanical constraint. 
 
Figure 14 shows a reusable cast developed from 

articulation-type passive elements. Twenty plates are 
articulated in a circular pattern, and 1,400 sets of such 
circularly-arranged plates are stacked and bound by 
wires. The cast is composed of 28,000 thin plates in 
total. Total weight is 566[g]. Maximum diameter is 
85[mm], and overall length is 220[mm]. The diameter is 
adjustable, owing to the translational freedom of each 
articulation. The wrist portion of the cast shown in 
Figure 14 is contracted for fitting the surface to the skin. 
Minimum diameter is 60[mm]. 
 
Reusable cast composed of particle mechanical 
constraints 
Particle mechanical constraint is another passive 
element, which we developed previously. It is a bag 
containing beads. It can be changed in shape, and 
evacuation of the inside air renders the bag rigid so that 
it maintains whatever shape it has been given. We also 
developed a reusable cast using the particle mechanical 
constraint, in order to compare stiffness with that of the 
cast composed of the articulation-type passive element. 
Figure 15 depicts the structure. The torus-shape cloth 
tubes containing beads are connected to form a cylinder. 
The cylinder is enveloped by a cloth-coated vinyl sheet. 
Stiffness of the particle mechanical constraint   
correlates with the material of beads. We developed two 
reusable casts using Styrofoam beads and nylon shots. 
The diameter and length are the same as those of the 
cast developed from the articulation-type passive 
element. Both casts have a thickness of 10[mm]. The 
weights of these casts were 312[g] and 70[g], 
respectively.  
 

 
Figure 15 Reusable cast composed of particle 
mechanical constraint. 
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Evaluation of stiffness 
   
We examined stiffness of the casts developed from the 
various passive elements described above. We also 
examined the stiffness of a conventional, commercially 
available cast. Figure 16 shows the relation between 
reaction force and compression ratio when a testing 
machine compressed the center of the casts by a circular 
plate. The outer diameter of the plate was 200[mm]. The 
cast developed from the articulation-type passive 
element had greater stiffness than that developed from 
particle mechanical constraints. It also had a greater 
stiffness than the conventional cast below 300[N]. 
However the stiffness of the articulation-type passive 
element gradually declined with increasing reaction 
force, because the stiffness is exerted mainly by friction 
force. The necessary stiffness of orthopedic casts is not 
clear because there are many types of use. The stiffness 
of the articulation-type passive element is not enough to 
guard an arm from accidental collision, though the 
stiffness is enough to fix an arm. 
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Fig. 16 Stiffness of four different casts. 
 

Conclusion 
 
This paper describes a novel passive element that can be 
freely contracted and bent to fit an arbitrary rounded 
surface. A reusable cast developed from this passive 
element shows higher stiffness than a reusable cast 
developed from particle mechanical constraints. The 
cast also shows higher stiffness at small compression 
force than a commercially available cast. Reduction in 
thickness and weight is a problem to be solved for 
practical use. The problem correlates with the stiffness 
of the passive element. We are investigating better 
materials for the plates and the covering film in order to 
increase stiffness of the passive element. This passive 
element is applicable also for haptic displays and 
wearable robots for assisting human motion. 
Development of such applications is the subject of our 
future studies. 
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ABSTRACT 
 

Recently, development of instruments for minimally invasive surgery has been considerably required. This surgical 
procedure, as compared with traditional open surgery, enables the incision smaller, and this result in less patient pain 
and shorter duration of hospital stays. However, it requires increased skill on the part of the surgeon. To solve this 
problem, robotic manipulators using electric actuators that have multi-DOFs at the tip of them have been reported as 
alternative to conventional instruments. These systems, however, has the problem that force sensing is difficult. In this 
paper, we propose a master-slave manipulator using pneumatic cylinders as actuators that can be useful for laparoscopic 
surgery. This system can provide force feedback to the surgeon from the differential pressure of the cylinders. We 
designed a bilateral dynamic control system using neural network for acquisition of the inverse dynamics. The obtained 
inverse dynamics is used for feedforward and estimation of the external force. Experimental results showed that the 
developed system successfully display the contact force. 
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INTRODUCTION 

 
Minimally invasive laparoscopic surgery has been 
widely performed in recent years. This surgical 
procedure enables a smaller incision as compared with 
traditional open surgery. This result in less patient pain 
and shorter duration of hospital stays. However, it 
requires increased skill on the part of the surgeon. This 
is because surgical instruments in laparoscopic surgery 
are restricted to the degrees of freedom (DOFs) motion 
due to trocars. As a result, surgeons have to handle the 

instruments at the opposite end to the abdominal cavity 
with respect to the trocar point. This prevents surgeons 
operating intuitively.  
To solve the above problems, robotic manipulators, 
which have multi-DOFs at their tip, have been reported 
as alternative to conventional instruments [1]. These 
manipulators can be divided into two approaches with 
regard to the operating method. One is the manipulator 
where some DOFs are added to the tip of the 
conventional forceps [2][3]. A system of this type is 
omparatively small, and it is easy to introduce into 
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surgery. However, the problem that the operation is not 
intuitive still remains. The other is a master-slave type 
in which the operating portion for the surgeon is 
separated as master from the forceps [4]. In this type, a 
surgeon is able to teleoperate the forceps at the master 
side, as if one handles the forceps at the slave side in the 
abdominal cavity. Therefore, this master-slave type is 
useful from the view of intuitiveness. This system, 
however, has the problem that the sense of force is lost. 
Some studies have been made on the force display in the 
master-slave surgery system [5][6], in which the force 
sensor, that is almost strain gauge, is attached into the 
tip of forceps manipulator. However, the sensor at the 
end of manipulator makes sterilizing and downsizing 
difficult. 
In this research, we propose a master-slave system with 
multi-DOF forceps manipulators that is able to provide 
a force display to surgeons without a force sensor. This 
is to realize a bilateral control without force sensors that 
is quite different from the conventional methods [7]. To 
achieve this, pneumatic cylinders are used as the 
actuator, because they are effective for a haptic device 
due to the facility in measurement and control of their 
driving force, and enable the estimation of the external 
force from the driving force and the impedance.  
 
DEVELOPED MANIPULATOR  
 
Structure of the Manipulator 
Fig.1 shows the developed forceps manipulator that has 
7-DOFs. It has 4-DOFs at the tip, a roll, two bending 
joints and a holder, and 3-DOFs at the upper part, which 
is parallel mechanism with three cylinders. The size of 
the manipulator is about 800mm in height and 300mm 
in width. It is quite compact compared with daVinci and 
Zeus that are commercial systems. Moreover, the 
developed system can provide a force display using 
pneumatic cylinders not electric motors as the actuators.    
Fig.2 shows the tip part of the manipulator. The 
diameter of the manipulator is 10mm that is useful for 
laparoscope surgery. The power for two bending joints 
at the tip of the manipulator is transmitted by a wire 
rope as shown in Fig. 3. The cylinder made by Airpel 
was used because it uses a precision fit graphite piston 
which slides freely - without lubrication - inside a pyrex 
glass cylinder. Therefore, the friction force is negligible 
small. The sizes of the cylinder used at the lower and 
upper part are 9.3mm and 14.9mm in diameter, 3.2mm 
and 5.0mm in the piston rod diameter and 25mm 75mm 
for the full stroke. The driving force of the cylinder 

drF is given as 
 

PAFdr ∆=        (1)                                                               

where A  and P∆  indicate the pressurized area and 
the differential pressure in the cylinder. 

 
 

The supply pressure was set at 500kPa and a pressure 
sensor having a resolution of 20Pa was used. Since the 
pressurized area is 60mm2, the maximum driving force 
at the tip becomes 30N which is considered to be 
enough for driving the manipulator.  
The cylinder was controlled by a five ports servo valve 
made by FESTO. The servo valve receives the voltage 
signal and controls the flow rate to the cylinder. 
Pressures in the cylinder are measured with 
semiconductor type sensors and are used to control the 
driving force. Position is measured by an encoder 
having a resolution of 1000Pulse/Rev. We have 
confirmed in the preliminary experiment that the 
position error of the cylinder is not more than 0.1mm 
using a PID controller. Also, we have confirmed that the 
force control could be achieved with 0.05N accuracy. 

Fig.2 Tip photo of the developed manipulator 

Fig.1 Developed manipulator 

300mm

150mm-225mm

2-DOFs free
joint

forceps

trocar

100mm connecting link
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At the tip, the displacement of the wire rope l shown in 
Fig.3 is proportional to that of the cylinder X. 
    

         X
r
r

rl
g

in
in == φ                (2)  

 
where φ  is the rotation angle of the pinion gear and 
the pulley, 

gr  is the pitch circle radius of the pinion 
and 

inr  is the radius of the pulley. Then, the angle of 
bending θ  is given as 
 

R
XX

rr
r

r
l

gout

in

out

===θ     (3) 

 
where outr  is the radius of the small pulley at the 

bending joint. Thus, the angle of bending θ  is linear 
to the displacement of corresponding cylinder. We 
designed that the wire rope for driving the bending joint 

3J  passed through the center of the joint 2J  to 
prevent interference between the joints. Additionally, 
the relationship between the torque τ  for bending and 
the driving force of the pneumatic cylinder F is also 
linear and is given by 
 

RF=τ        (4). 
   

Where R is an equivalent value to reduction ratio. To 
improve the resolution of the rotation angle at the tip of 
the manipulator, R should be small. However, in 
contrast, to improve the force sensitivity R should be 
large. In this prototype manipulator, we adopted 8 [mm] 
as R ( inr  =6.5mm, gr  =13mm, outr =4mm) to 
reasonably satisfy both of these conditions. As a result, 
the resolution of the bending angle is considered to be 
0.7degree. The weight of the tip part is 20N. 
At the upper side, 3-DOFs are realized with parallel 
mechanism as shown in Fig.4. The maximum angle of  
 

 
the moving plate is 30 degrees. The maximum force 
with the three cylinders is 90N, which is enough to hold 
the tip part. The tip and upper part were connected with 
a free joint. The length of the connecting link 
determines the moving angle at the tip of the 
manipulator. Therefore, it was designed as 100mm, 
which realizes the moving range of a circle whose 
diameter is about 120mm. The manipulator whose 
structure is the same as that of the slave side is used as 
the master side for simplification of control as shown in 
Fig5. Measured position and pressure signals are sent to 
a computer for control, and the computed voltage 
signals are provided to the servo valves. 

master
manipulator

slave
manipulator

Fig.5 Developed Master-slave system 

 
Fig.3 Mechanism for power transmission

Fig.4 Upper part of the developed manipulator 

150mm-
225mm

100mm 70mm

300mm

encoder

moving
plate
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BILATERAL CONTROL 
 

Proposed control method 
In this section, we describe the proposed method of 
bilateral control without force sensors in the 
master-slave system. Although a bilateral control 
method called symmetric position servo type needs no 
sensing of force, the performance is influenced by the 
dynamics of the manipulator. Therefore, the dynamic 
control using the impedance and the external force that 
are estimated by neural network as the driving force of 
the cylinders has been implemented.  
The ideal response of the master-slave system is that 
both the position and force response in the master and 
slave side are identical with each other [7]. Consider a 
teleoperation system with two 7-DOF master and slave 
manipulator, whose dynamics described as 
 

  en
sssss

dr F)X,X,X(ZF += &&&     (5) 

op
mmmmm

dr F)X,X,X(ZF −= &&&     (6) 
 

where drF , opF , enF , Z  and X  are translational 
vectors of the driving force of the pneumatic cylinders, 
the force exerted by an operator on the master side, the 
force applied on the environment, the impedance 
function of the manipulator and the displacement of the 
cylinder respectively, and subscript s  and m denote 
slave and master side. The conditions of ideal response 
in this system can be written as 
 

ms XX =        (7)  

enop FF =        (8). 
 

To satisfy Eq.(8), the driving forces of cylinders should 
be 
 

op
sssss

dr F)X,X,X(ZF += &&&     (9)  

en
mmmmm

dr F)X,X,X(ZF −= &&&    (10). 
 

There are, however, disturbances due to the uncertainty 
of impedances, external forces and so on. Therefore, 
position and velocity feedback has been added to 
restrain them as follows: 
 

op
sssSsms

d
sms

P
s

dr F)X,X,X(Z)XX(K)XX(KF ++−+−= &&&&&

       (11) 
en

mmmmmsm
d

msm
P

m
dr F)X,X,X(Z)XX(K)XX(KF −+−+−= &&&&&

              (12) 
 

where pK  and dK  are gain vectors. Substituting 
Eq.(11) and (12) to Eq.(5) and (6) yields 

 
0=−++ enop

s
d

s
p FFeKeK &    (13) 

0=+−−− open
m
d

m
p FFeKeK &      (14) 

where 
sm XXe −≡       (15). 

 
Combining Eq.(13) and (14) yields the error equation: 
 

( ) ( ) 0=+++ eKKeKK m
d

s
d

m
p

s
p &   (16). 

 
Hence, e  converges asymptotically to zero with 
appropriate gains, and then from Eq.(13) or (14), Eq. (8) 
is also satisfied. This means that the ideal response is 
realized. In practical control, the position, velocity and 
acceleration of the other side were used as the input of 
the impedance function as shown in Eq.(17) and (18) to 
improve the speed of response.  
 

op
mmmSsms

d
sms

P
s

dr F)X,X,X(Z)XX(K)XX(KF ++−+−= &&&&&

       (17)  
en

sssmmsm
d

msm
P

m
dr F)X,X,X(Z)XX(K)XX(KF −+−+−= &&&&&

       (18). 
 
Here )X,X,X(Z mmms &&& and )X,X,X(Z sssm &&& behave as 
a feedforward controller having inverse dynamics. The 
controller symmetrically sends the values of 
displacement and external force to one another. This 
symmetrical system is able to change the roles of master 
and that of the slave side. 
 
Acquisition of inverse dynamics using a neural 
network 
To implement Eq.(17) and (18), it turns out that the 
impedance function and the external force must be 
given in addition to the position. Here, it should be 
noticed that the driving force of pneumatic cylinder can 
be obtained from the differential pressure as shown in 
Eq.(1). Therefore, if the values of the impedance are 
given, the external force extF is given by  
 

( )X,X,XZFF drext
&&&−=     (19) 

 
where extF  denotes the vector of external force to the 
cylinder, which is 

enF at the slave side and 
opF−  at the 

master side. We can estimate the external force from 
Eq.(19) using  a disturbance observer. Therefore, it is 
significant to obtain the impedance of the manipulator 
which is equivalent to the inverse dynamics problem. 
Thus, acquisition of the inverse dynamics enables both 
estimation of the external force and feedforward control.  
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Generally, the dynamics of a multi-DOF manipulator 
depends on its attitude, mainly because of the influences 
of inertia and gravity varies with the position. The tip of 
the forceps manipulator is small and light so that their 
effects are negligible. In the prototype manipulator, 
there is, however, the dependence of dynamics due to 
the position. This is because of the variation in friction 
caused by the wire rope. This friction characteristic 
seems to have strong nonlinearity and is very difficult to 
model mathematically. Although friction model in a 
single pneumatic cylinder has been reported [8], the 
model is unable to represent the dependence on the 
position.  
For the reason mentioned above, a neural network is 
used to obtain the inverse dynamics of the manipulator. 
We used a three-layered neural network in which there 
are twenty-one inputs (displacements, velocities and 
acceleration of each joint) and seven outputs of 
impedance. The network is trained offline with 
back-propagation using the data collected through a 
closed-loop experiment in which the manipulator is 
assigned random position trajectries and no external
load. In no-load motion, the driving force corresponds
to the impedance from Eq.(19). After the training is
finished, the network can be used as a feedforward
controller and disturbance observer. The detail of the
master or slave controller is represented as Fig. 6. The
controllers are the same at the master and slave side.
The controller has a major loop for position and a minor
loop for differential pressure which realize the desired
driving force. The neural network is incorporated as
feedforward and disturbance observer. The measured
position and estimated external force are provided to the
other side as an input. 

 

 

EXPERIMENTAL RESULTS 

Examination of Force Estimation 
Some experiments were undertaken to verify the 
precision of the force estimation by the disturbance 
observer. We placed a single axis load cell that is a 
force sensor as an object on the slave side. To compare 
the external forces estimated by Eq.(19) with the output 
of the force sensor, we transformed them into Cartesian 
coordinate system at the tip of the manipulator using a 
Jacobian matrix.  
Fig.7 shows the experimental results. It is clear from the 
results that the estimated force is slightly larger than the 
output of the load cell especially at the maximum value. 
This is because the force at the tip of the manipulator 
was not entirely transmitted to the cylinders due to 
mechanical flexure and the friction caused by the load. 
This could be improved by modifying the structure of 
the manipulator. However, the estimated value 
corresponded well with the output of the load cell on the 
whole. 
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Fig.6 Block diagram of the designed bilateral control 
 
 

 

 
 
 
 
 
 
 
 
 
 

 

 

 

 

 

 

 

 

Fig.7 Experimental results of force sensing
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Fig.8 Experimental results of bilateral control at J1 

Bilateral Control Experiment 
The performance of the master-slave system was 
examined with the proposed bilateral control by use of 
the estimated inverse dynamics and external force. The 
neural networks in the master and slave side were 
previously trained with the data in the no-load motion. 
The slave manipulator was brought into contact with an 
object by the operator handling the master manipulator.  
The experimental results at joint 1J  and LJ 3  at the 
tip are shown in Fig.8 and Fig.9.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
The upper graphs indicate the position of the cylinder. 

The lower graphs show the external forces at the master 
and slave side. While there are some disagreement in 
the position, which is caused by the mechanical flexure 
and friction under load and also by the convergence 
speed of the controller, it can be seen that the force 
exerted by the operator on the master side and the force 
applied on the environment correspond well. The 
effectiveness of the proposed bilateral control method 
was therefore demonstrated. 
 

CONCLUSIONS 
 

In this paper, a manipulator has been developed which 
has 7-DOFs actuated by pneumatic cylinders. A 
master-slave system has been established with the 
manipulator for laparoscopic surgery. Neural networks 
were applied to the controller for acquisition of the 
inverse dynamics and the external force without using 
force sensors. The experimental results indicated that 
the operator felt the force at the slave side to a 
satisfactory extent.  
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ABSTRACT 
 

We have developed a human walking assist system for the people who have handicap or are injured. 
A pair of orthosis which actuated by pneumatic liner actuators and shoes having a weight sensor makes up this system. 
The reason why we decide to use pneumatic actuators is that the pneumatic characteristic caused by air pressure is soft 
for human and also fits for environment. This assist system supports the lift of legs and stretch of knees when the 
human walks on ground or stairs. The supportable angles of knee are enough large and this system can be widely used. 

We will evaluate the usefulness of this system by the factor of human power reducing for walk and his impression for 
use. 
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Force measuring sensor, Floor reaction force, Assist torque, Frictional torque, and Knee joint orthosis 

 
 
 

NOMENCLATURE 
 

α   : Angle [deg] 
β  :  Angle [deg] 
γ  :  Angle of knee joint [deg] 
θ  :  180 – γ [deg] 
PS  : Supply pressure [kPa] 
TA  :  Assist torque [Nm] 
TB  :  Frictional torque [Nm] 
TS  :  Synthetic torque [Nm] 
LS  :  Thrust of actuator [N] 

  
 

 
1. INTRODUCTION 

 
Walking is one of the most important functions to 

support our life. However, a decrease in walking ability 
by getting old or injury makes the inconvenience in 
various scenes. In the result researched yet, we have 
developed assisted walking system using pneumatic 
actuator. But this system didn’t satisfy the support 
walking for daily life in both the mental and functional 
point in use. And the biggest subject in a present system 
is an improvement of the force sensor and outfit. 

In this report, we develop the outfit and sensor system 
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which can be co-used by various people. 
 

2. Structure of system 
 

2.1 Outline of system 
Fig.1 shows how to control the pneumatically assisted 

walking system. We detect the floor reaction force by 
the sensors on the sole. The signals are amplified with 
the amplifier, and taken into CPU through an A/D 
converter. CPU identifies the three categories of 
walking mode by analyzing input signals. There are 
“climbing the stairs”, “descending the stairs”, and 
“walking flat ground” modes. CPU outputs the operate 
signals to the servo valves through a D/A converter 
when the joint of the knee starts to expand. Compressed 
air is supplied from servo valves to the air actuator. We 
think that this system can assist walking by expanding 
the joint of the knee. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
2.2 Program to distinguish the assist timing  

In this system, the signal wave which measured by 
the sensor are used to identity the mode of walking 
styles. We use a characteristic of the signal wave form 
of floor reaction force to identity the walking mode. In 
case of climbing the stairs, we observe that the peaks of 
floor reaction force at heel and thenar appear the same 
time. In case of descending the stairs, the floor reaction 
force of heal rises first, and then the reaction force of 
the thenar rises later. The last case of walking flat 
ground, we observe that the floor reaction force rises 
first at the contact of foot, and then the reaction force of 
the heel rises later, and the magnitude of the floor 
reaction force at thenar is larger than that of the heel. 

We discern the walking mode using these features 
and decide the proper assist timing when the air is 
supplied to actuator, which fits for each walking modes. 
 

 3. Using the knee joint orthosis with many people 
 

3.1 Purpose of using the only one orthosis with many 
people 

In the past, we made the orthosis adapting tester’s 
own leg size and shape. But it was difficult to make 
many orthosis because of problems of both the time and 
cost. So if we needed a lot of walking test, the testers 
had to use other people’s orthosis which were not fit for 
him. Therefore, smoothly walking assistance couldn’t 
have been done. 

To solve these problems, we make universal orthosis 
which can be used by many people and has light weight. 
 
3.2 common orthosis 

Fig.2 shows outline of orthosis we made.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

We used the housing shaped by processing as the 
“low temperature degree sheet plastic”. The sponges 
with skid net were put in the pad. The purposes of these 
are to improve the feeling for wearing the orthosis. To 
fit the orthosis for the various people, we adopted 
supporter through the belt guide which made by “neo 
plain rubber stretch nylon”. The pneumatic linear 
actuator used in this orthosis has 0.025[m] inside 
diameter, 0.200[m] stroke length, and is yielded 5.0 
[kgf/cm²] supply air pressure. The maximum bending 
angle of orthosis has increased from previous 90[deg] to 
110[deg], so the range of operation has extended. We 
used portable air pump for bicycle as the actuator and 
the weight of actuator becomes light as former 
pneumatic industrial actuator. Fig.3 shows uniting part 
of orthosis and actuator. 
 

Fig.1 The assist walking system

3. A/D Converter 5. D/A converter 

6. Servo valve 

Distinction of walk state 

(a) Flat (b) Up stairs (c) Down stairs 

4. CPU 

2. Amplifier 

Measurement of floor 

reaction force 

1. Sensor 

Assist his walking 

7. Air actuator 

Height 0.55[m] 

Width 0.09[m] 

Depth 0.15[m] 

Weight 0.68[kg] 

Flexional angle 140[deg] 
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①

②
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⑤
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Fig.2 Knee orthosis for common use 
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⑦ Belt guide 

⑧ Knee joint 
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4. Theoretical characteristic of common knee joint 

orthosis 
 

By generating the assist torque by the compressed air, 
the orthosis expands. We have analyzed the assist torque 
theoretically. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
4.1 Theoretical value of assist torque 

Fig.4 shows link model of knee joint orthosis. We 
deduce the theoretical assist torque TA shown Fig.4 
adopting sine and cosine theory. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.5 shows the value of TA. The TA dotted large 
mark shows common use type which newly developed 
and line dotted small shows the previous one. 

Comparing developed result and previous individual 
one, it is shown that the maximum assist torque differs 
large. The maximum of theoretical value of common 
use is 52[Nm] (Angle of knee joint is 25[deg]) while its 
value of individual use is 22[Nm] (Angle of knee joint 
is 65[deg]). We think user of newer orthosis can get 
stronger assist feeling because the mainly desired 
portion for assist angle of knee joint for assist is 20~ 
30[deg] where is three times bigger than individual one 
as assist torque in this angle. We will execute much 
lower pressure compressed air so it will be possible to 
be reduced motive power. 
 
4.2 Theoretical value of frictional torque 

The difference of frictional torque by the change of 
actuator is compared. We calculate torque in order to 
know the frictional characteristic of actuator and 
frictional loss torque when the actuator expands and 
contracts. We use link model of assist torque to 
calculate it. The calculated frictional torque is defined as 
TB in Fig.6.. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

According to the increasing the angle, the differences 
grow large as frictional torque. A former actuator has 
nine times bigger frictional torque than that of portable 
pump for bicycle. So we could reduce the frictional 
torque about 11% using portable pump. 
 
4.3 Total theoretical torque of knee joint orthosis 

By subtracting frictional torque TB from theoretical 
value TA of assist torque is shown as the theoretical 
value of synthetic torque TS. Fig.7 shows the 
comparison of theoretical value of assist torque and the 
synthetic torque in common knee joint orthosis. And 
Fig.8 shows the comparison of knee joint orthosis for 
common use using the portable pump and knee joint 
orthosis for individual use using the pneumatic cylinder. 

Fig.7 shows that the influence of frictional torque is 
rather small because it has been much smaller than the 
assist torque (Frictional torque is about 0.4 percent of 
assist torque). Influence of frictional torque in use of 
pneumatic cylinder is about 5 percent loss of assist 
torque. The losing torque from friction of actuator is 
small and is shown Fig.8, and the assist torque of knee 
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Fig.3 Knee orthosis – Actuator Unit 

LS 

TA 

Link1 

Link2 

Link3 

α 

β 

γ 

θ 

L1:Length of link1 

L2:Length of link2 

L3:Length of link3 

PS : supply pressure [kPa] 

LS : Thrust of actuator [N] 

α: [deg] 

β: [deg] 

γ: 50～180[deg] 

θ : 180-γ[deg] 

TA : Assist torque [Nm] 

Fig.4 Link model for assist torque 

0 20 40 60 80 1000

10

20

30

40

50

Angle of knee joint γ[deg]

A
ss

is
t t

or
qu

e 
T A

[N
m

]

Knee orthosis for common use
knee orthosis for individual use

Fig.5 Theoretical value of assist torque  

0 20 40 60 80 1000

0.05

0.1

0.15

Angle of knee joint α[deg]

Fr
ic

tio
na

l t
or

qu
e 

T B
[N

m
]

Portable pump
Air cylinder

Fig.6 Theoretical value of frictional torque 



100207 fujita 4/6 

joint orthosis decides the synthetic torque. So knee joint 
orthosis is important to decide the value of assist torque 
for walking assistance. It is thought theoretically that 
knee joint orthosis for common use is more useful than 
knee joint orthosis for individual use in the view point 
of assist torque. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
5. Evaluation for knee joint orthosis 
 

We have experimented to evaluate the feeling of knee 
joint orthosis for common use. And we examine the 
utility of knee joint orthosis with theoretical 
characteristic. 
 
5.1 How to evaluate the knee joint orthosis 

To evaluate the utility of knee joint orthosis for 
common use, we have scored it by tester's subjectivity. 
We judge its performance by follow methods. 
① The testers wear orthosis.  
② The testers operate as follows. (1) Climbing the 
stairs, (2) descending the stairs, and (3) walking ground. 
③ The testers scored eight terms (A~H) by ten point 
full marks what they feel. 

The testers walk in free speed, because we want to 
examine in the usual walk. The standards for admission 
are different by each tester. So we have done 
standardization and scored objectively. The orthosis 
which testers worn are knee joint orthosises for common 
use and for individually use respectively.  Eight 

evaluation terms is shown respectively below. 
A. Assist feeling for walking ground 
B. Assist feeling for climbing the stairs 
C. Assist feeling for descending the stairs 
D. Assist timing for walking in the plain 
E. Assist timing for climbing the stairs 
F. Assist timing for descending the stairs 
G. Fitness  
H. Weight of orthosis 
 
5.2 The results of evaluation. 

The standardization result of objective estimation in 
knee joint orthosis after standardization is shown in 
Fig.9. 

It can be shown that the knee joint orthosis for 
individual use gives good impression for tester because 
the size and shape fit him.  

Fig.10 shows standardization result of tester’s 
subjective evaluation of knee joint orthosis for 
individual use. 
Knee joint orthosis for individual use has high 
evaluation score. But term of evaluation for orthosis 
wearing fitness has received low evaluation score. 
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Fig.9 Tester’s standardization evaluation of knee 
orthosis for common use 
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Fig.10 Tester’s standardization evaluation of knee 

orthosis for individual use 
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5.3 Examination of the evaluation result  
The knee joint orthosis for common use has high 

evaluation score of term as shown in Fig.9. Because, 
using new material of orthosis pad, the flexibility was 
improved, and covering the part of contact between foot 
and orthosis by elastic supporter enables the appropriate 
fixation. The weight of the knee joint orthosis for 
common use was 0.68[kg] while the weight of orthosis 
for individual was 1.5[kg] and the light weight of 
former gives good score.  

The knee joint orthosis for individual use gives low 
evaluation score of term shown as Fig.10. Because the 
tester award high score to term of assist feeling rather 
than the term of its fitness feeling. The knee joint 
orthosis for individual use have satisfied the assist 
power, while the improvement is needed in the structure 
and shape in itself. The term of orthosis weight get low 
score because the heel part of this orthosis has 
additional weight in order to increase the fitness feeling 
and unexpectedly the tester feels reaction force when he 
raises the foot. 

Finally, the evaluation of knee joint orthosis for 
common use is compared with evaluation score of knee 
joint orthosis for individual use. The knee joint orthosis 
for individually use is more suitable and get high score 
as fitness than that for common use. Because, knee joint 
orthosis for individual use was made for the specific 
user, it is natural. As the theoretical value of assist 
torque, the knee joint for common use is more large 
value than the individual use. So we expected that the 
common use yields the large assist torque. Actually, the 
experiment shows that knee joint orthosis for individual 
use get high score in this point. In a word, the influence 
of pad shape is larger than that of link length for assist 
torque. Therefore the knee joint orthosis for common 
use can be shared with many people but we need more 
examination about shape of pad or supply pressure to 
obtain larger assist torque. 
 
6. Replacing the sensor system 
 
6.1 Purpose of replacing the sensor 

The next important device for this study is sensor to 
measure the floor reaction force. We have used small 
compression type load cell. Because it has good 
resolution and linearly to analyze the walking. But the 
load cell doesn’t have proper shape for measuring the 
reaction force, so we decide to use newer sensor. 

To use the current study, the sensor is placed by 
another type which is easy to match to foot shape. 
 
6.2 Seat sensor 

The newer force measuring sensor has structure of 
putting polymer into dielectric materials and we call the 
sensor as “seat sensor”. The measurement principle is 
resistance changes if the load applies to the sensor, the 
load can be easily measured using the change of voltage 

change occurred in the resistance. As one of the most 
important characteristic, the sensor is very thin with 
0.4[mm]. Tester can stick sensor on their sock of own 
shoes, so we don’t have to change the shoes. And we 
can measure floor reaction force effectually. In addition, 
the sensor is high sensitivity i.e., the resolution of 10 
grams and a delay time is very small because the signal 
transmission speed is fast. Fig.11 the shows force 
measuring sensor. 
 
 
 
 
 
 
 
 
 
 
6.3 Experiment to evaluate the utility of sensor  

We experimented to examine whether the seat sensor 
can be used in this system instead of load cell. The 
evaluation method is shown below. 
① We stick the seat sensor on heel and thenar. 
② The testers operate as follows. (1) Climbing the 
stairs, (2) descending the stairs, and (3) walking ground. 
③ We measure the floor reaction force and analyze the 
characteristic of usefulness the seat sensor to evaluate. 
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Fig.11 Force measuring sensor 

(b) Sensor is stuck on an insole (a)Sensor 

Fig.12 Floor reaction force (Flat course) 

Fig.13 Floor reaction force (Up stairs course)
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 force measured by the seat sensor when tester walks 

the ground. Fig.13 shows that in the climbing of stairs, 
and Fig.14 shows in descending of stairs. By comparing 
the result of these experiments and the same one of load 
cell which we measured before, the characteristic of the 
wave shapes of output signal is very similar. In walking 
ground, the heel was loaded first, and the toe was loaded 
later. In climbing the stairs, the heel and the toe were 
loaded at once. And two peaks of the load change of 
heel and toe existed. At the end in descending the stairs, 
the toe was loaded first, and the heel was loaded later. 
And the load of the toe was bigger than the load of the 
heel. 
 
6.4 Consideration of evaluation experiment in the 

force measuring sensor 
The new force measuring sensor and the load cell has 

similar characteristic as detecting the signal wave of 
force reaction form from experiment. 

The load cell detects only vertical load because of its 
transformation principle, so the structure of attachment 
influenced the accuracy of measurement. Moreover it 
was difficult for light weight person to measure the 
reaction force by using the load cell because the floor 
reaction force was relatively small in this case. And 
several time lags occur. The seat sensor solved these 
problems. Because the force measuring sensor has high 
sensitivity so this system will be able to assist walking 
for the light weight person more exactly. So the new 
force measuring sensor can use to identity the walking 
more instead of the load cell.  
 
7. Conclusion 
 

In this report, we could find the way of using the only 
one orthosis with many people. More high sensitive 
output of measuring system can be realized by using 
new seat sensor, so it will be possible to identity the 
state of walking more exactly. 

As a problem in the future, to increase the number of 
tester and to improve program for assist will be 
important to certain better evaluation for assist feeling. 
And the parts for the signal such as D/A, CPU, and A/D 
will be able to miniaturized. So, this system will be able 

to use in the large field.  
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ABSTRACT 
 

At the close of the 20th century, in Japan, the reduction of incidence of the care worker in an aging society is becoming 
pressing need. Then, we aim at the development of the robot arm for care which is flexible and united with the motion 
of man. 
In this subject, we suggest to develop the “Tendon-Driven 2-Link Manipulator Driven by Pneumatic Cylinder” as the 
care lift for assisting the rising and sitting of elderly people, disabled people or wheelchair users. 
The tendon-driven manipulator system developed in this subject makes use of the pneumatic cylinder as an actuator. A 
pneumatic actuator is characterized by enabling the flexible action by the compressibility of the air. By means of the 
flexible action caused by the compressibility of the air, the welfare system making use of a pneumatic actuator can be 
expected to the “Human-Friendly Assist”. 
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NOMENCLATURE 
 

θ1 : Angle of Link 1 
θ2 : Angle of Link 2 
P1 : Supply Pressure to Cylinder 1 
P2 : Supply Pressure to Cylinder 2 
P3 : Supply Pressure to Cylinder 3 
Md : Mass of Load 
Ld : Point of Load from Joint 2 
 
 

 
INTRODUCTION 

 
It tries to face a worldwide aged society in Japan now. 
And there is a necessity of immediate development of 
the welfare nursing equipment according to such a 
social background. Moreover, there is a feature in the air 
pressure system that is a safe, gentle assistance of the 
patient by flexible equipment operation. Then, it pays 
attention in this thesis to the development of the tendon 
drive manipulator system using the pneumatic cylinder 
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as the welfare nursing equipment. 
In this report, we propose the development of the 
nursing lift that aims to support the senior people, 
handicapped person or the wheelchair user's 
independence changing ships. 

 
OUTLINE OF SYSTEM 

 
Tendon-Dr iven Manipulator  System 
Figure 1 shows the outline chart of the tendon drive 
manipulator system that is developed. The manipulator 
part is lightened in the weight by locating the pneumatic 
cylinder apart from the manipulator by transmitting a 
forth with the tendon which is made by steed wire[1], 
and making the structure of an acrylic material, and the 
danger on the accidental collision to the patient has been 
reduced. 
 
 

Pneumatic Cylinder 

Tendon-Driven 2-Link Manipulator 

Cylinder-Pedestal 

 
 

Figure 1 Diagrammatic Illustration of Tendon-Driven 
2-Link Manipulator and Cylinder-Pedestal 

 
 

The manipulator part is composed of two links, six belt 
pulleys, and four tendons as shown in figure 2. The 
pneumatic cylinders and each links are connected 
through the tendon and the belt pulley. This manipulator 
is a mechanism that drives the vertical plane by giving 
the tension of the tendon generated by the thrust of the 
pneumatic cylinder to each link as driving torque. 

Link 1 

Link 2 

Joint 1 

Joint 2 

Pulley of Joint 1 

Pulley of Joint 2 

Tendon 

Connect to Pneumatic Cylinder 

 
 

Figure 2 Diagrammatic Illustration of Tendon-Driven 
2-Link Manipulator 

 
 

Tendon-Dr iven Mechanism 
Figure 3 shows the outline chart of the tendon 
transportation of the tendon drive manipulator system. 
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Figure 3 Diagrammatic Illustration of Tendon-Driven 
Mechanism with 2 D.O.F. and 4 Tendons 

 
 

Tendon 1 drives Link 1 for above direction, and Tendon 
2 drives Link 1 below. And, Tendon 3 drives Link 1 and 
Link 2 at the same time for above direction, and Tendon 
4 is a mechanism that drives Link 1 and Link 2 below at 
the same time. The pneumatic cylinder which gives the 
tension to Tendon i shown in figure 3 is defined as 
Cylinder i. 
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ELECTROPNEUMATIC SERVO SYSTEM 
 

Figure 4 shows the outline chart of the electropneumatic 
servo system to control the tendon drive manipulator 
system. 

 
 

Central Processing Unit 

Air Compressor 

Regulator 

Pneumatic Cylinder 

Pressure Sensor 

Potentiometer 

E/P Regulator 

Tendon-Driven 2-Link Manipulator 

Pneumatic Piping 

Flow of A/D Signal  
Flow of D/A Signal  

A/D C.B. 

D/A C.B. 

 
Figure 4 Diagrammatic Illustration of Electro pneumatic 

Servo System 
 
 

Four pneumatic cylinders, four electropneumatic 
regulators, and four pressure sensors are set up in this 
subject. Each cylinder is a stroke 150 [mm], and is 40 
[mm] in the inside diameter, and the compressed air of 
0.5 [Mpa] is supplied and used in the maximum. Only 
the pressure of rod side is controlled, and the pressure is 
measured with the pressure sensor. The head side of 
cylinder is always assumed to be the atmospheric 
pressure liberating. The link angle is measured by the 
potentiometer. 

 
REAL TIME SYSTEM 

 
In this case, the real time system of the measurement 
and the control is constructed by using RTLinux[2] that 
is the real-time Operating System. 
RTLinux adopted for the electropneumatic servo system 
in order to assure the real time response, is a kind of a 
hard real-time Operating System. The Linux process in 
the program and the relation of the RTLinux module are 
simply shown in figure 5. 
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Figure 5 Conceptual Diagram of Real Time System 
 
 

DEVELOPMENT OF NURSING LIFT 
 

Manipulator Pneumatic Cylinder 

Lavatory Bas in 

Turn Table 

Wheelchair User 
Wheelchair 

 
Figure 6 Diagrammatic Illustration of Suggested Care 

Lift 
 
 

In this study, the development for the idea of practical 
use as the nursing lift shown in figure 6 is proposed. 
The principle of the motion of the lift is to keep the slant 
of the arm supporting a user to be horizontal in any 
cases, in order to avoid the slip of user along the arm. 
Link angle θ1 and θ2 measured in this report are defined 
as shown in figure 7. 
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Link 2 
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Joint 2 

Joint 1 
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Figure 7 Defining Angle of Link View case with 
Measuring by Potentiometer 
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The manipulator must drive satisfying θ1 + θ2 = 90°, 0 

≦ θ1 ≦ 90°, 0 ≦ θ2 ≦ 90° so that Link 2 may always 
become the horizontal in this nursing lift. The reason to 
drive the manipulator is that it is an ideal to operate the 
same arm in case of the case for the person to nurse in 
this manner.  
When the person nurses, the forearm is made the 
horizontal and it does. Therefore, link 2 corresponding 
to person's forearm is always made to become to the 
horizontal. 

 
STATIC CHARACTERISTIC EXPERIMENT 

 
The state geostationary at the link angle of the 
manipulator is examined. The result when the load is 
not built is shown in figure 8 and the result when the 
load is built is shown in figure 9. P1, P2, and P3 of 
explanatory notes show the supply pressure to Cylinder 
1, Cylinder 2, and Cylinder 3 and L1 and L2 show the 
link angle of Link 1 and link 2. 
The supply pressure to each pneumatic cylinder to each 
link angle is calculated in this experiment, when the 
pressure is supplied to each pneumatic cylinder actually, 
and each link angle is measured. 
Each cylinder and each link name relation are as shown 
in the above-mentioned.  
Because the angle is attached in a positive direction 
from the origin with pressure not supplied to Cylinder 1, 
Link 1 has returned the starting point the angle of Link 
1 by supplying pressure to Cylinder 2. 
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Figure 8 Static Characteristics of Manipulator case with 
Angle of Link vs. Supply Pressure to Cylinder 

( No Load ) 
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Figure 9 Static Characteristics of Manipulator case with 
Angle of Link vs. Supply Pressure to Cylinder ( Load 

Point : Ld = 0.22 [m], Load Mass : Md = 3.0 [kg] ) 
 
 

An excellent result without a big error margin when 
there was no load as showing in Figure 8 was obtained. 
It reaches the angle of the target when applying load as 
shown in Figure 9 by the supply pressure whose link 
angle of Link 2 is smaller than the theory as the supply 
pressure to Cylinder 3. It seems as the cause of the error 
in this experiment is that the weight actually used as a 
load was not complete ideal mass and so has distributed 
mass and then it does not load at the constant portion at 
manipulator. 
However, it was confirmed that the theoretical equation 
of the manipulator was almost effective to deduce the 
torque against the load by this experiment. 

 
DYNAMIC CHARACTERISTIC EXPERIMENT 

 
Figure 10 shows the result of dynamic characteristic 
experiment with PID feedback control. This is a control 
result for adjusting the angle of the link of targets of 
Link 1 to 60°, and adjusting the angle of the link of 
targets of Link 2 to 30° to make the arm being 
horizontal. 
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Figure 10 Dynamic Characteristics of Tendon-Driven 
2-Link Manipulator case with Angle of Link vs. Time :  
Dynamic Characteristics (θta1 : 60 [deg], θta2 : 30 [deg] ) 
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When the angle of the link of targets of Link 1 is set to 
be 60° and the angle of the link of targets of Link 2 is 
set to be 30° as shown in Figure10, each link settled to 
the target link angle and an excellent result was 
obtained. 
However, there is the problem such as setting to a link 
angle different from the target link angle takes long 
respond time. And the overshoot was seen, the range of 
deflection reaches at 30° as Link 1 and 45° as Link 2. 
The improvement may be expected by adjusting the 
parameters of the PID feedback control. 

 
CONCLUTION 

 
By using the real time system named RTLinux, the 
demanded posture of the manipulator could be proven in 
the achievement of both the static and dynamic controls 
of the tendon drive manipulator as a nursing lift system 
that uses the pneumatic cylinder as an actuator. 
To put it to practical use as a nursing lift, establishing 
the stability of system and deriving the dynamic 
equation of the manipulator that considers the patient's 
operation is necessary, and these are problems in the 
next future. 
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ABSTRACT 
 

We have developed a haptic glove system to use rehabilitation field, e.g. rehabilitation robotics system. This glove has 
angle sensors to detect each finger position and small balloons inside of the glove to present a force to the user who 
wear the glove by pressurized air. This glove makes it possible to give angle information of each finger to slave hand 
system, and also to present the force which is detected the slave hand to the glove user. To control this force feedback 
system, we use PWM control method to show the quantity of the force. Force affecting the user is updated by a 
frequency of 10Hz and has several steps resolution. Total weight of this glove with haptic feedback capabilities is less 
than 200 grams. We tried to use this glove as a master-slave hand system, we could feel the slave hand force though 
haptic glove like a real force. 
 

 
KEY WORDS  

 
Haptic device, Force feedback, Robot hand, PWM control 

 
 
 

INTRODUCTION 
 

It is exhausting, both physically and emotionally, to 
assist physically handicapped persons in 24 hours. As an 
one of solution to solve this problem, an assistive 
mobile system called AMOS (Assistive MObile robot 
System) has been developed to help alleviate this 
burden [1]. The purpose of AMOS is to pick up and 
transport daily use objects, placing them in a designated 
indoor location semi-autonomously. The target objects 

identified by AMOS are items used on a daily basis, and 
they have different sizes and shapes. However, it is 
difficult to recognize a target object, to measure its 
location using image processing in real-time and to 
manipulate using robotic hand automatically. Therefore, 
we are developing and propose a user interface system 
which allows the user to intervene in the robotic hand 
control. Almost users of this robot system may not have 
knowledge about computer and robot, it is required 
simple and easy user interface. We are trying to develop 
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Figure 1  Assistive Mobile Robot System  

 
a master-slave robotic hand system. The user wears the 
master glove and tries to grasp the target object, the 
slave hand moves simultaneously with the master. The 
robot hand as a slave is guided to the target object using 
image processing. The user can select the object and 
decide how to grasp it by her/him with force feedback. 
   The aim of this research is to provide a simple user 
interface for handling the target object, which has 
different sizes and shapes. In this paper, we describe the 
master glove system and its force feedback experiments 
using pressurized air.  
 

Master Slave Hand System 
 

The image of the master slave hand system shows in 
Fig.2. This system is composed of a haptic glove on 
master side (master hand), and a robot hand with finger 
component on slave side (slave hand). Slave hand 
follows master hand, and grasps the target object by 
user put on master hand. The force when the slave hand 
holds the object can be fed back to the master hand and 
the master hand expresses the sense of force that 
corresponds to the force of the holding to the user by 
swelling the balloon inside the glove. 

Haptic glove is composed of glove, flex sensors, 
balloons, air valves and a micro controller. It goes for 
the micro controller to data processing of the finger 
angle with the flex sensor, and control of the valve for 
expansion and shrinkage the balloons to present the 
force. These data are sending to personal computer by 
CAN (Controller Area Network). The position sensors 
are attached on the thumb, index and middle finger. 
They can measure the angle of each finger of the user.   
 
 

 
Fig.2 Image of Master Slave Hand 

 
The force when slave hand grasps a target object, it is 
possible to express it as a sense of  force by swelling 
the balloon which was installed in the thumb, the index 
finger, the long finger and push to each abdomen by 
compressed air (Fig. 3). 

Fig.4 shows external view of the slave glove and the 
allocation of the sensors. The position sensor is attached 
on the surface of the glove. It is a flexible material and 
the resistance is changed due to the angle of the sensor.  

Intake and exhaust pneumatic valves (Fest co., high 
speed switching valve) are controlled by the micro 
controller using regulated inner pressure of the balloons. 
Then, the user can feel the grasping force as he/she 
handles the object directly. The micro controller 
(SIEMENS Infenion Co., C167) communicates with 
slave finger controller (PC) sending position data of the 
master finger and receive the force data to display on 
the slave finger using CAN interface.[2] 

 

 

 
 
        Figure 3. Balloons allocation 
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  Figure 4  External view and sensor allocation  
 
 

Experiments of force feedback 
 

Main objectives of these experiments are to 
determine the balloons state during intake and exhaust 
of air. Particularly significant for this system is the 
ability of the master glove to provide sufficient force 
feedback. Another important objective is to conclude the 
reaction time or response time of the balloons inflations 
and deflations. They are essential in order to estimate 
the total delay time obtained when inflating and 
deflating a balloon. We decided to use PWM control to 
preset force with several steps resolution, because it is 
easy to change the level of force by computer to change 
duty ratio. [3] 

Outline of Experimental apparatus is shown in Figure 
5. A pressure gage sensor is used to determine 
maximum inflation response time of one balloon, 
affected only by the pressure inside the balloon. It was 
attached to one balloon outlet and at the other outlet a 
coupling connecting pressure-supply and exhaust. 
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   Figure 6  Pressure change at 100% duty 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

 
 
 
 

    Figure 7  Pressure according to the duty ratio 
 

The micro controller on the master side controls both 
the suction valve and the exhaust valve. In the program, 
either the suction valve or the exhaust valve can be 
operated simultaneously. Air in the balloon is 
discharged into an atmospheric inside by the exhaust 
valve's pressure in the balloon increasing when the 
supply pressure from the compressor connects with the 
suction valve. 

Exhaust of the air pressure to the balloon was 
assumed to do the opening and shutting time of the 
valve by the PWM method. To fill the demanded PWM 
cycle, the supply pressure was calculated using 
following equation. [2] 
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Figure ５.  Experimental setup 
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Here,  
Vb: Estimated volume a balloon 
dair: Density of air 
k: Isentropic constant of air (=1.4) 
R; Gas constant 
Sem: Valve orifice area 
 

Figure 6 shows one example of the experiment result 
of recording a pressure increase when supplying it from 
pressure value 0 to the maximum by 100% with the duty 
of PWM. It rises to about 7kPa though it doesn’t reach 
10kPa though 250ms passes. It is thought that time was 
required from no rise of pressure immediately after the 
supply to the swelling of the balloon. 

Secondly, when change duty ratio of PWM, we 
experimented whether the difference of pressure was 
able to expressed. Six states were set by setting the state 
of pressure to six stages including the state not 
pressured, we increased the duty ratio each 20% from 
0%. Result is shown in Figure 7. We confirmed internal 
pressure had changed according to the duty. Therefore, 
it is possible to present the level of force using these 
balloons and PWM control. A smooth result was not 
obtained in Fig.7, the reason is only the resolution of the 
pressure sensor was not enough. 
  From these results, we checked whether the sense of 
force is able to recognize by human. It is interview 
experiments and number of subjects is six. There are 
two processes to present the force. One is swelling 
process, it means to give force stronger than previous 
status (Ex1). The other one is shrinking process, to give 
force weaker (Ex2). It is different process, but, if system 
present same duty ratio of PWM, it must be feel same 
force. Fig.8 shows correct answer rate of each subject. 
Highest score is over 80%, it is not 100%. Then, it is 
difficult to present the force precisely using this method. 
Especially, shrinking process is lower than swelling 
process and the lowest correct answer rate is 0 %. The 
human sense of force is not so correct and it is better to 
present the force using the swelling process even there 
is an individual variation.  
         Conclusion 
 

The master glove system with haptic force feedback 
has been developed. The master glove can sense finger 
angle and provide virtual haptic force on each finger 
using inside balloons and PWM control. We confirmed 
that the system can present the different force level 
using this method. However, it was difficult to be feel 
the different level of force to human. We will try to 
change PWM frequency and present method to aim 
100% correct answer rate, and to improve for practical 
use.   
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ABSTRACT 

 
The oscillating LPA(Laminar Proportional Amplifier) flow sensor having bilateral feedback loops is available for 
the measurement of small volume flow. Pattern of LPA and feedback loops were sculpted on a flat plane. The 
relationship between the oscillating frequency and the geometry of the oscillating LPA flow sensors were measured. 
As the result of experiments, it was appeared that the oscillating frequency of the oscillating LPA flow sensor 
closely connected with the geometry and the sizes of the sensor, and the signal transport time through the feedback 
loop was about a half of the acoustic time delay, and it was proved that the signal transport time on the supply jet 
from the supply nozzle to the splitter were occupied about 60% of the oscillating frequency. It was demonstrated 
that the range ability of the oscillating LPA flow sensor could be extended by arranging the pattern of LPA and 
feedback loops in the same plane.  
 
 
                                       KEY WORDS 
 
      Laminar proportional amplifier, flow sensor, feedback oscillator, frequency, geometry 
 
 
 

1. INTRODUCTION 
 
The oscillating LPA flow sensor utilizing Laminar 
Proportional Amplifier (LPA) is available for the 
measurement of the small volume flow. In previous 
papers1), 2), 3), we clarified that the oscillating frequency 
of the oscillating LPA flow sensor closely connected 
with the geometry and the sizes of the pattern of LPA 
and that of feedback channels. In this study, we 
investigate the oscillation mechanism of the feedback 
oscillator utilizing LPA. 
 

2. GEOMETRY OF THE OSCILLATING LPA 
FLOW SENSOR 

 
Figure 1 shows a schematic diagram of feedback 
oscillator utilizing a LPA which consists of LPA and 
bilateral feedback loops. This oscillator is available for 
the measurement of the small volume flow, because 
LPA is operated efficiently under the condition of low 
Reynolds number, i.e., laminar flow. 
 
 
 



 
 
 
 
 
 
 
 
 
 
 

Figure 1 Geometry of LPA flow sensor 
 
The jet goes out through one of the output ports, by 
feeding back a part of the jet flow, periodic oscillation of 
the jet between the feedback loops can be achieved. The 
oscillating pressure signals at the output ports were 
measured by using condenser type microphones. The 
oscillation frequency was measured by using FFT 
analyzer.  
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Geometry of LPA 
 

Figure 2 shows a schematic diagram and major 
dimensions of LPA normalized by supply nozzle width.  
The material of the flow sensors is thin stainless steel. 
They were manufactured by an electric discharge 
machine. The flow sensors were sandwiched by two 
covering plates made of brass. In this study, air was used 
as a working fluid.  
We manufactured two type flow sensors. Figure 3 shows 
the geometry of the flow sensor (1), which consists of 
LPA and bilateral feedback loops of round 
tubes( sections of a oblique line in the figure). 
 
 
 
 
 
 
 
 
 
 
 

Figure 3 Geometry of flow sensor (1) 

Figure 4 shows geometry of oscillating flow sensor (2) 
which arranged the ports of LPA and feedback loops in 
same plane. 
 
 
 
 
 
 
 
 
 
 
 

Figure 4 Geometry of oscillating flow sensor (2) 
 

3.  FREQUENCY - FLOW RELATIONSHIP 
 
Figure 5 shows comparison of the frequency-flow (f-qｓ) 
characteristics of sensor (1) and sensor (2). The height 
and width of the supply nozzle of the sensor (1) and 
sensor (2) were 0.75mm and 0.8mm, respectively.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
Figure 5 f-qｓCharacteristics of sensor (1) and sensor (2) 
 
In the case of sensor (1), sizes of the round feedback 
loop are the diameter D=4mm and the length L=172mm. 
In the case of sensor (2), sizes of the rectangular 
feedback loop are width bf=2.4mm, depth hf=0.8mm and 
the length L=48mm. The frequency increases 
proportionally to the volumetric flow rate of supply jet 
within low flow range up to the breaking point.  In the 
case of sensor (1), there are the lower limit of flow rate 
for the oscillation at 2.2cc/s and the upper limit of flow 
for the oscillation at 15cc/s, and the breaking point is 
8cc/s. 
In the case of sensor (2), there are the lower limit of flow 
for the oscillation at 3cc/s and the upper limit of flow for 
the oscillation at 60cc/s, and the breaking point is 12cc/s . 
In the case of sensor (2), the thin feedback loops has a 
highly inhibitory action against the flow turbulent. This 
results show that the structure arranging the pattern of 
LPA and feedback loops in the same plane have the 
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effect to expand oscillating flow range. 
 

4. EASUREMENTS OF PRESSURE 
TRANSMISSION AND PROPAGATION PERIOD 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6 Points of measurement 
 
To clarify the relationship between the oscillation 
frequency and the geometry of the sensor, pressure 
signal transport times between specific points were 
measured. Points of measurement are shown in figure 6.  
Figure 7 shows the conjectural propagation lengths. 
 
 
 
 
 
 
 
 
 

Figure 7 Conjectural propagation lengths 
 
Oscillation frequency f can be appeared as follows,  
       f =  1 / total      ･･････････(1)  
      total = t12 + t23 + t34 + t41 ･･････････(2) 
      t23 = t22’ + t2’3’ + t3’3    ･･････････(3) 
      t41 = t44’ + t4’1’ + t1’1      ･･････････(4) 
where total is the period i.e. total time required for 
pressure signal propagates one round, t12 is the signal 
transport time from point 1 to point 2 of the left-hand 
feedback loop, t23 is the signal transport time from point 
2 to point 3, t34 is the signal transport time from point 3 
to point 4 of the right-hand feedback loop, t41 is the 
signal transport time from point 4 to point 1, t22’ is the 
signal transport time from point 2 to point 2’ of the 
left-hand input nozzle, t2’3’ is the signal transport time 
from point 2’ to point 3’, t3’3 is the signal transport time 
from point 3’ to point 3 of the right-hand output duct，t44’ 
is the signal transport time from point 4 to point 4’ of the 
right-hand input nozzle, t4’1’ is the signal transport time 
from point 4’ to point 1’ and t1’1 is the signal transport 

time from point 1’ to point 1 of the left-hand output 
duct. 
 

5. RESULTS AND DISCUSSION 
 

5.1 FEEDBACK LOOP 
 
The relationships between the signal transport time in 
the feedback loops for various lengths of the sensor (1),  
and volume flow rates are shown in Figure 8. The values 
on the ordinates are the mean value of t12 and t34. 
 
 
 
 
 
 
 
 
 

 
 
 
 
 

Figure 8 t12 , t34 versus qs of sensor (1) 
 
In case of the sensor (1), it was appeared that the signal 
transport times t12，t34 decrease as flow increase in the 
small flow region under 3~4cc/s, on the other hand,  
they does not change in the region of flow above 3~4cc/s 
and they increase with the lengths of the feedback loop. 
Figure 9 shows the signal transport velocity, Uf versus 
volume flow, qs. The value of Uf is calculated by the 
signal transport time in the both feedback loops and the 
length of them. 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 9 Uf versus qs 
 
In the case of the sensor (1), the signal transport velocity 
is nearly equal to the speed of sound in the small flow 
region. Bat in the sensor (2), the signal transport velocity 
is about half value of the speed of sound due to the 
effects of thin rectangular feedback loops. 
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5.2 INPUT NOZZLE 
 
Figure 10 shows the signal transport time the both input 
nozzles, t22’ t44’ versus volume flow rates, qs. In both 
sensors, the signal transport times t22’ t44’ decrease as 
flow increases in small flow region under 5cc/s, but they 
does not change in the region of flow above 6cc/s.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
           Figure 10 t22’, t44’ versus qs 
 
Figure 11 shows the signal transport velocity in the both 
input nozzles, U1 versus volume flow, qs. The value of 
U1 is calculated by the signal transport time in the both 
input nozzles and the length of them. Since the length of 
the input nozzles was short, the signal transport velocity 
in the input nozzles is smaller than that of the feedback 
loops.  
 

 
 
 
 
 
 
 
 
 
 
 
 

Figure 11 U1 versus qs 
 
 

5.3 SUPPLY JET 
 
Figure 12 shows the signal transport time of the supply 
jet, t2’3’, t4’1’ versus volume flow rates, qs. In previous 
paper4), the signal transport time through the supply jet, 
tj was appeared as follows, 
     tj = xsp / 0.5Us･････････(5) 
where xsp is the distance between supply nozzle and 
splitter and Us is the signal transport velocity through the 
supply jet. In both sensors, the signal transport time 

through the supply jet, t2’3’，t4’1’  are nearly equal to tj. 
The signal transport time through the supply jet occupy 
the most of the oscillation period. 
 
 
 
 
 
 
 
 
 
 
 
 
 
            Figure 12 t2’3’, t4’1’ versus qs 
 

5.4 OUTPUT DUCT 
 
Figure 13 shows the signal transport velocity in the both 
output ports, U3 versus volume flow, qs. The value of U3 
is calculated by the signal transport time in the both 
output ducts and the length of them. This signal 
transport velocity is smaller than the signal transport 
velocity in the feedback loops. The signal transport 
velocity increase proportionally with the volume flow 
within small flow region under 4~5cc/s . 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 13 U3 versus qs 
 

5.5 RELATIVE SIGNAL TRANSPORT TIMES 
 
Figure 14 shows the ratio of the signal transport time, 
t/total versus volume flow, qs of the sensor (2). tf is the 
mean of t12 and t34, t1 is the mean of t22’ and t44’, t2 is the 
mean of t2’3’ and t4’1’ and t3 is the mean of t1’1 and t3’3. 
The signal transport time through the supply jet, t2 
occupy about 50% of the oscillation period under the 
flow of 8cc/s. The signal transport time in the feedback 
loops, tf increase gradually as flow increase. t1 and t3 
occupy about 15% of the oscillation period. Therefore, 
the oscillating frequency is affected considerably by the 
signal transport time through the supply jet. t2 of the 
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sensor (1) showed similar tendency. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 14 t / total versus qs 
 

6. CONCLUSION 
 
The relationship between the oscillating frequency and 
the geometry of the oscillating LPA flow sensor were 
studied. Following conclusions were obtained. 
1) The signal transport time through the feedback loops 
were affected considerably by the geometry of the 
feedback loop. The structure which arranged the ports of 
LPA and feedback loops in the same plane have the 
advantage in expanding working range. 
2) The signal transport velocities in the input nozzle and 
in the output nozzle were smaller than that of the 
feedback loop. 
3) The signal transport time from the supply nozzle to 
the splitter occupied about 60% of the oscillation period. 
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ABSTRACT 
 

In this paper the flow field in swirler is measured by five-hole probe, hotwire and LDV（Laser Doppler Velocimetry）. 
These results would be much the same .It can provide some ideas for design of swirler. 
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NOMENCLATURE 
 
 

NOMENCLATURE 
 

γ   specific weight of liquid 

2h   height of liquid 

ρ   density of air 

V∞   velocity of air 
'
2K   coefficient of total pressure 

λ   wavelength of laser 

df   Doppler frequency 

k   cross angle of dual-beam 

1K   yaw-factor 

2K   pitch-factor 
 
 

INTRODUCTION 
 
Swirler is widely used in industrial manufacturing. For 

example, dedusting, increasing the stability of blast 
chamber, measuring of flowrate, burnishing treatment of 
tiny drill way, and non-touch sucking disk of delivery 
system. Its structure is simple, manufacture with low cost, 
operating with little loss, so it is paid more attention 
to .The inner flow field appears different feature with the 
difference of structure. .Investigation of flow field in 
swirler is helpful for design various swirler with different 
purpose. 
In this paper the experimental investigation for the inner 
flowfield of a cylinder swirler was done. Using five-hole 
probe, hotwire and LDV to measure velocities, total 
pressure, static pressure of the inner flow field, we can 
get much the same results. This can provide supports for 
the design and improvement of swirler. 
 
1 EXPERIMENTAL MODEL AND MEASURING 
METHOD 
As described by figure 1, air flows in from two sides 
tangentially and forms vortex.  Flowrate is controlled 
by upstream valve; therefore the flowrates of two sides 
are the same. Air is discharged from outlet. Because the 



flowfield of swirler is complicated, three methods of measurement were used. 
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Figure 1 The model of swirler 

 
1.1 Measurements with five-hole probe 
The theory of measurement with five-hole probe is based 
on flow over a sphere. 
Velocity component can be calculated by the following 
equations: 
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Where 
V∞  is the velocity of the coming flow . 

xU , yU  and zU  are axial, radial and tangential 
velocity respectively. 
In addition static pressure is: 
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Total pressure is  
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1.2 Measurement the inner flow field of swirler 

with hotwire.  
The basic theory of hotwire is to measure the heat loss of 
the hotwire with flow over it.  
Heat loss is related with fluid temperature ,velocity , 
pressure, density and thermotics feature of fluid and 
hotwire’s temperature and geometry .If only one 

parameter is changed , heat loss can be explained as 
directly measurement varied parameter.. Usually this 
parameter is velocity or temperature of fluid. If more 
than one parameter is changed, we must use 
compensation technique to remove the affect of other 
variance. 
When the turbulence of flow is very low, using single 
probe we can consider only average velocity is affecting 
heat loss of the hotwire. At a certain point, we measure 
three effective cooling velocities respectively when 
hotwire is set on three planes; horizontal, vertical and 
oblique plane at the angle to horizontal plane. Therefore 
we have three equations about cooling velocity and the 
average velocity of axial direction, radical direction and 
tangential direction.  
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xU , yU  and zU  are average velocity along axial 
direction, radial direction and tangential direction 
respectively. 
 
1.3. Measurement by LDV 
The basic theory of LDV is that the difference of 
frequency between incoming ray and scattered ray of 
moving particle is direct ratio with the moving velocity 
of particle. This is; 
 



2sin
2

dV fk
λ

=  

 
Essentially, LDV measures the velocity of particles. We 
use home-made particle producer to seeding oil drop 
with micron size into the air flow. In swirling flow field, 
particles are forced with centrifugal force, so the number 
of particles in the center of the model is few. Hence the 
data rate will be reduced. In order to get good signal to 
noise ratio and data rate, the frequency range should be 
compressed and laser power would be increased. So the 
experimental results will be much better  
 
2 EXPERIMENTAL RESULTS  
Experimental condition: The flowrate at inlet was 
Q=220,350, 470 L/min respectively; at outlet the 
pressure was atmosphere pressure 
 

0 0.1P MPa=  
 
The distribution of tangential velocity in swirler is shown 
in figure.2.From the above figures it can be found that 
the tangential velocity in the center of the swirler is 
about zero., and along the radial direction from center to 
outside it becomes bigger and bigger .There is a point 
having maximum tangential velocity. From the point 
with maximum tangential velocity, to wall, the tangential 
velocity reduces gradually. It can be used the maximum 
tangential velocity as boundary to divide the flowfield of 
the swirler into forced vortex region and free vortex 
region. The forced vortex region is the dominant.  
The axial and radial velocity distribution in swirler is 
shown in figure 3.  The distribution of radial velocity in 
swirler can also be divided into two parts; in external 

region the direction of flow is outward while in the 
center region the direction of flow is inward. Radial  
 
 
Velocity compared with other two components is smaller. 
The radial velocity is almost only 1/10 of the tangential 
velocity.  
The distribution of pressure is shown in figure 4. With 
different flowrates, the intersection of positive and 
negative pressure for static pressure and total pressure in 
swirler is almost the same position. It means that 
negative pressure area doesn’t change with the increase 
of flowrate, However magnitude of negative pressure 
and positive pressure changes with flowrate.  
Negative pressure area in the center of the swirler 
occupies about 2/3 of the transverse section .Due to the 
existence of the negative pressure area in the outlet of the 
swirler the reverse flow occurs. Correspondingly there is 
negative value of axial velocity.  
In addition, local tangential turbulence intensity 
measured by LDV is: 
 

2

Tω
ω
ω
′

=  

 
where  

ω  is local mean velocity;   
ω′  is tangential fluctuation velocity  

The experimental results are shown as figure 5: 
Local Turbulence intensity is very high in the central 
region of swirler, while turbulence intensity is relative 
low in the outer region. 
 
 

    



       

       
 

Figure 2 The distribution of tangential velocity 
 
 

       
 

Figure 3 The distribution of axial and radial velocity 
 
 



       
 

Figure 4 The distribution of pressure 
 

 

      
 

Figure 5 The distribution of tangential velocity 
 

3 NUMERICAL SIMULATIONS 
Differential equations of flow field for swirler (mass 
conservation equation and momentum conservation 
equation) are  
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Where: p is static pressure; ijτ  is stress tensor and 

ig is body force of gravity.  
Using RNGK- ε  turbulence model to calculate, 
RNGK-ε  is a kind of empirical mode. 
Figure 6 shows the comparison between experimental 
and numerical simulation results of tangential velocity. 

The numerical simulations show good agreement with 
experimental data 

 

 

 
 

Figure 6 The distribution of tangential velocity 
 

The results of experiment about the static and total 
pressure measurement and the numerical simulation are 



shown in the figure 7. 
 

 
Q=350L/min, h=40mm                    Q=350L/min, h=40mm 

 
Figure 7 The distribution of pressure 

 
The result of numerical simulation indicates that the 
experimental data get from five-hole probe are almost 
the same with numerical simulation. From the above two 
results there are both negative pressure region in the 
center part and positive pressure in outer part. The 
experimental results and numerical simulation can 
provide us reliable basis for the design of swirler. 
 
4 CONCLUSIONS 

1、We can measure distribution of total and static 
pressure with five-hole probe . But it can interfere flow 
field seriously. The velocity is low and turbulence 
intensity is high in the center part, therefore, the error of 
measurement is bigger here. Measurement with hotwire 
has many merits, such as high frequency response, little 
interference to flow field, and easily collecting data and 
doing statistictical processing with computer. But when 
the measured value is near to zero, measuring error is 
very big.  LDV is a kind of non-contact measurement 
technique. It can measure velocity with a wide range. It 
can measure reverse flow and it has a relatively high 
spatial resolution and a quick dynamic response .But its 
measurement is limited by the seeding particles.  

2、The tangential velocity in the swirler is dominant 
The axial velocity is smaller. The radial velocity is the 
least. .  

3、The results of measurement  indicates that there 
are two kinds of flow pattern in the swirler  There are 
forced vortex in the center region and free vortex in the 
outer part. . From experiment, It can be found that the 
region of forced vortex is dominant .The region of free 
vortex is relatively small.  

4、There is the phenomenon  of reverse flow around 
the outlet of the swirler.. There are negative pressure 
region both in total pressure and static pressure. And the 
range of negative pressure area is almost the same with 

variation of flowrate. The negative value in the central 
part increases with the increase of flowrate.  
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ABSTRACT

This paper proposes a new mathematical model to describe the mass flow-rate characteristics of gas through orifice-type
restrictors in aerostatic bearings. In the conventional design of gas-lubricated aerostatic bearings, the mass flow-rate of
gas through an orifice-type restrictor is generally derived from a well-known mathematical model, which is originally
developed to describe the mass flow-rate property of gas through an ideal nozzle. In this paper, however, a series of
CFD-simulations and experiments according to ISO 6358 are carried out and the results show that the mass flow-rate
characteristics through an orifice-type restrictor are different from those through an ideal nozzle. Consequently, the
conventional model to determine the mass flow-rate of gas through orifice-type restrictors in aerostatic bearings may
have to be modified and updated to the proposed new model for more precise design and modeling of the gas-lubricated
aerostatic bearings.
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NOMENCLATURE

A : area of the restrictor

b : critical pressure ratio

C : the sonic conductance

C0 : orifice discharge coefficient

g : acceleration due to gravity

k : specific heat ratio of gas

m : mass flow-rate

P1 : absolute pressure at inlet

P2 : absolute pressure at outlet

R : gas constant

T1 : absolute temperature at inlet

T2 : absolute temperature at outlet

2 : density of gas at outlet

Ψ : coefficient of flow through orifice

ψ : test restrictor’s diameter



INTRODUCTION

Aerostatic bearings have been widely used for
measuring instruments, machine tools, dental drills, jet
engines and computer peripheral devices because of
their substantially low friction loss and heat generation.
Like other fluid lubricated bearings, aerostatic bearings
serve two purposes. One is to support an external load
and the other is to lubricate a pair of surface. Nowadays,
the aerostatic bearings are commonly used in the field of
precision engineering. Figure 1 shows the schematic
sectional view of an aerostatic bearing with an orifice-
type restrictor. The gas from an external source is fed
into the clearance space through flow restrictors which
are often orifice-type feed holes in one of the bearing
surface, and escapes continuously to the atmosphere
from the outside edges of the bearing. However, the
mass flow-rate of the gas through such an orifice throat
is generally derived from a well-known mathematical
model, which is originally developed to describe the
mass flow-rate of gas through an ideal nozzle. It is
reasonable to doubt if there is any difference between
the property of mass flow-rate of gas through an orifice
and that through a nozzle.
To simplify the analysis, we propose a new model and
assume initially that the mass flow-rate property through
an orifice is similar to that through an ideal nozzle. Thus,
the formulas of the latter to calculate the mass flow-rate
are preserved. The basic idea of this paper is trying to
tune the parameters used in the formulas such that the
formulas for the ideal nozzle may also be applied to the
case of the orifice. Figure 2 indicates such a mass flow-
rate property through an ideal nozzle, in which the
constant maximal mass flow-rate of the ideal gas is
noticeable. Later in this paper, it will be shown that this
maximal value depends on a parameter C, which is
generally called the sonic conductance. Besides, if the
ratio of the outlet pressure to the inlet pressure is small,
meaning that the pressure drop across the nozzle is quite
large, the gas-flow through the nozzle becomes a jet
with high velocity. The acoustic velocity, however,
physically limits this velocity through the nozzle. This is
precisely the reason why the constant maximal flow-rate
exists in the flow property shown in Fig. 2.
The parameter b, called the critical pressure ratio, is
defined as the intersection of the straight flow-rate of
the so-called choked flow and the elliptic flow-rate
curve of subsonic flow. For an ideal nozzle with a fixed
cross-sectional area, the parameters C and b are
constants because the former depends chiefly on the
cross-sectional area and the latter is proved analytically
to be a constant value of 0.5283. Similarly, for a fixed
orifice, it is also reasonable to assume that both the
parameters C and b are constants. The remaining
question is how to derive the best-fit values for

parameters C and b. In this paper, therefore, the CFD
simulations as well as a series of experiments according
to ISO 6358 are introduced to determine the best values
for the two parameters.
Surveying some previous reports [1-3, 4, 6], it is found
that the model to calculate the mass flow-rate of gas
through orifice-type restrictors copies without exception
the conventional model originally developed for ideal
nozzles. One interesting paper presented by the author
dealt with the experimental approach to build a new
mass flow-rate model for gas through orifice-type
restrictors [7]. However, the dimension of the test
restrictor is too large as compared with that of an actual
orifice-type restrictor installed in industrial aerostatic
bearings.

Figure 1 Orifice-type restrictor in aerostatic bearings

Figure 2 The mass flow-rate property through an
ideal nozzle

MODEL OF THE MASS FLOW-RATE
CHARACTERISTICS THROUGH

AN IDEAL NOZZLE

The mass flow-rate of gas through a restrictor can be
described by the generalized formulas [5, 7].
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Where m: mass flow-rate
C : the sonic conductance,
b : critical pressure ratio,
P1 : absolute pressure at inlet,
P2 : absolute pressure at outlet,
T1 : temperature at inlet,
T0 : outlet temperature under standard reference

conditions (293.15K),

0 : density under standard reference conditions
(1.189 kg/m3).

If the restrictor is an ideal nozzle, the critical pressure
ratio is given by
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where k denotes the specific heat ratio of the gas.
On the other hand, similar equations, which are
commonly used in the modeling of the mass flow-rate of
gas through an orifice-type restrictor in aerostatic
bearings, are summarized as [1, 2, 3, 4, 6]
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where A: area of the restrictor,

C0 : orifice discharge coefficient,
R : gas constant,
Ψ: coefficient of flow through orifice,
g : acceleration due to gravity.

The Eq. (5) and Eq. (6) represent the sonic and subsonic
flow conditions respectively. The orifice discharge

coefficient, C0, is basically a contraction coefficient
Generally, it is derived experimentally.

Comparing Eq. (1) with Eqs. (4)-(5), the sonic
conductance can be rewritten as
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Hence, the sonic conductance depends chiefly on the area
of the restrictor. Obviously, the set of Eqs. (1)-(3) is
nearly equivalent to the set of Eqs. (4)-(6) if the
temperature from inlet to outlet keeps unchanged. One
minor difference, however, is the functions used to
describe the subsonic mass flow-rate property. One is the
simplified Eq. (2) and the other is the original Eq. (6).
The maximal deviation, however, is only 3% [5].
For ideal gas, k = 1.4. According to Eq. (3), the value of
critical pressure ratio is found to be 0.5283. However, we
propose that the value of b may not equal 0.5283 for
other types of restrictor. Consequently, the conventional
model described by Eqs. (4)-(6) to calculate the mass
flow-rate of gas through an orifice-type restrictor may
have to be modified because such a model is originally
developed only for the nozzle-type restrictor.
In this paper, the Eqs. (1), (2) and (7) are recommended
for the analysis of the mass flow-rate properties through
orifice-type restrictors in aerostatic bearings because they
are much easier for the numerical calculation. In the
following, both the values of the parameters C and b are
determined by simulation as well as experimental
approach.

CFD-SIMULATION OF THE ORIFICE-TYPE
RESTRICTOR

In this paper, the commercial software package CFD-RC
is utilized as a tool to analyze the properties of mass
flow-rate through orifice-type restrictors. The test probe
with a built-in orifice-type restrictor is shown in Fig. 3.
Moreover, four different diameters ( ψ =0.1 mm,
0.1445mm, 0.182 mm and 0.25 mm) of the test restrictor
are chosen for the simulation. Figure 4 indicates the
schematic geometry of the test restrictor with diameter
ψ=0.1 mm.
In the development of the mass flow-rate equations for
nozzles, it is generally accepted that nozzles of different
cross-sectional areas possess the same mass flow-rate
properties described by Eqs. (1)-(3) or Eqs. (4)-(6). In
addition, the critical pressure ratio given by Eq. (3) is a
constant (b=0.5283) for nozzles of different cross-
sectional areas and the sonic conductance given by Eq.
(7) is proportional to the cross-sectional area of the
nozzle. Similarly, it is proposed in this study that orifices
of the same structure but of different cross-sectional



areas should have the same air flow properties described
by the parameters C and b. Moreover, the value of b
should be a constant for orifices of different cross-
sectional areas and the value of C should be proportional
to the cross-sectional area of the orifice.

Figure 3 Test probe with built-in test restrictor

In the following, the CFD simulation is employed to
numerically determine the mass flow-rate of gas through
the test restrictor. Since the gas-flow in the test restrictor
is axis-symmetric, a two-dimensional Cartesian
coordinate model of the flow field is established for the
quantitative analysis of the mass flow-rate through the
test restrictor (ψ=0.1 mm) as shown in Fig. 5.
The initial and boundary conditions for the CFD-
simulation are:
(1) The input velocity of the gas-flow is set to be 36 m/s.

Different setting of input velocity influences only the
speed of convergence of the numerical calculation. It,
however, does not affect the accuracy of numerical
analysis.

(2) The gas flow is compressible.
(3) The gas density is assumed to be 3/189.1 mKg at

room temperature.
(4) The dynamic viscosity of the gas is set to be

2
510789.1 m

sN   at room temperature.

(5) The room temperature is set to be 20 C or 293 K .
(6) The reference acoustic velocity of gas is assumed to

be 340 m/s.
(7) The boundaries of the flow field are considered as

the wall, which means that no gas-flow across the
boundaries is allowed.

(8) No heat transfer and chemical reaction exists in the
flow field.

(9) The outlet conditions are set to be atmospheric
pressure and room temperature.

After CFD simulations, the velocity vector diagram of
the test restrictor is found and shown in Fig. 6. From this
velocity vector diagram and the corresponding numerical
velocity data at the outlet, the average mass flow-rate of
the gas can be derived. Other relevant simulation results
together with the experimental data are discussed in the
following section.

Figure 4 Geometry of the restrictor (ψ=0.1 mm)

Figure 5 Two-dimensional Cartesian coordinate model
of the flow field (ψ=0.1 mm)

Figure 6 The velocity vector diagram (ψ=0.1 mm)

EXPERIMENTAL RESULTS AND DISCUSSION

Figure 7 shows the schema of test bench for the orifice-
type test restrictor according to ISO 6358. The most



important device is the mass flow meter, which serves to
measure the mass flow-rate of gas through the test
restrictor. At the inlet to the test restrictor, a pressure
regulator is employed to vary the supply pressure.
Moreover, two pressure sensors are utilized in this test
bench. One is installed at the inlet and the other at the
outlet. The measured pressure signals are used to
calculate the pressure ratio of the outlet pressure to the
inlet pressure. All the measured data are sampled and
stored in the PC by using a data-acquisition software.

Figure 7 Test bench for the orifice-type restrictor
according to ISO 6358

In this study, the method of exhaust-to-atmosphere is
utilized. The outlet pressure, P2, is basically the
atmospheric pressure plus the negligible pressure drop
across the mass flow meter (the flow control valve is
kept fully open). Hence it is approximately a constant.
To vary the pressure ratio P2/P1, only the inlet pressure,
P1, is adjusted by using the pressure regulator. In a real
aerostatic bearing, however, the inlet pressure is kept
constant and the outlet pressure is variable according to
different external loads. Obviously, these two conditions
are basically equivalent since only the pressure ratio
P2/P1 is employed in the calculations of the mass flow-
rate through the orifice-type restrictor. Besides, the
outlet pressure for the orifice-type restrictor in an
aerostatic bearing is defined as the pressure in the air-
chamber at the outlet as shown in Fig. 1.
Figure 8 shows the simulation curves as well as
experimental results of the mass flow-rate of gas
through test restrictors with different diameters.
Obviously, every curve shown in Fig. 8 can be divided
into two parts. At higher supply pressure, the curve is
more like a straight line. On the contrary, at lower
supply pressure, the curve can be described by an
elliptical function. The intersection of these two parts is
exactly the critical pressure ratio. Figure 9 indicates the
values of the critical pressure ratio as a function of the
test restrictor’s diameter. It is observed that the critical
pressure ratio for an orifice-type restrictor is
approximately a constant value of 0.36.

Figure 8 Simulation and experimental results of the
mass flow-rate as a function of different diameters

Figure 9 Critical pressure ratio as a function of different
diameters

Figure 10 shows the graphical relation between the
sonic conductance and the pressure ratio for different
test restrictor’s diameters. It is observed that only two
experimental curves corresponding to test restrictors of
diameters 0.1445 mm and 0.182 mm are shown in Fig.
10. This is chiefly because the test restrictors of
diameters 0.1 mm and 0.25 mm are not available. It is
further noticeable that every curve in Fig. 10 is quite
similar to the curve of mass flow-rate through an ideal
nozzle shown in Fig. 2 except the value of the critical
pressure ratio. This proves one of our previous
assumptions that the mass flow-rate property through an
orifice is similar to that through an ideal nozzle. Figure
10 further illustrates the sonic conductance is
approximately proportional to the square of the test
restrictor’s diameter. Such a proportional relation
proves the second assumption that the sonic



conductance depends chiefly on the cross-sectional area
of the orifice-type restrictor.

Finally, the orifice discharge coefficient C0 can be
determined from Eq. (7) and Fig. 10. After some
calculations, C0 is found to be 0.83, which agrees very
well with the general assumption used in the
conventional model.

Figure 10 Sonic conductance as a function of pressure
ratio for different test restrictor’s diameters

CONCLUSION

In this paper, we have proposed a new model for the
calculation of the mass flow-rate of gas through orifice-
type restrictors in the aerostatic bearings. Four
conclusions may be drawn from this research.
(1) The experimental results agree very well with the

results of CFD simulation.
(2) The simulation and experimental results have both

shown that the major difference between the
conventional and the new proposed model is the
value of the critical pressure ratio. In details, for an
orifice-type restrictor of which the length is larger
than the diameter, the recommended value for the
critical pressure ratio is in the range 0.35<b<0.4
instead of 0.5283.

(3) The orifice discharge coefficient shown in Eq. (7) is
found experimentally to be 0.83. Hence, the
recommended value for the orifice discharge
coefficient is in the range 0.8 <C0<0.85. This value
is applicable only to the orifice-type restrictor of
which the length is larger than the diameter.

(4) The proposed new model, which is described by
Eqs. (1), (2) and (7), is recommended for the
determination of the mass flow-rate of gas through
an orifice-type restrictor in aerostatic bearings.
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ABSTRACT 

 
A new measurement method of the flow-rate characteristics of a regulator was proposed in this paper. Through charging 
a chamber connecting with the outlet of the regulator and measuring the pressure response in the chamber with a 
pressure sensor, the flow-rate characteristics curve was obtained from these sampled data. The process needs only one 
charge, so it brings high efficiency, good precision and less air consumption. The new method was studied through 
numerous simulations and experiments at different pressures. Results obtained from experiments and simulations were 
compared to find in good accordance, which verified the feasibility of the new measurement method.  
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NOMENCLATURE 

 
B: viscous frictional coefficient, Ns/m 
Cd: coefficient of the flow rate, Cd =0.7  
G: mass flow rate, kg/s  
K: spring coefficient of adjusting spring, N/m 
K1: spring coefficient of restoring spring, N/m 
m: mass of the valve core, kg 
p0: absolute pressure of environment, MPa 
p2: outlet pressure of the regulator, MPa 
ps : absolute pressure of air source, MPa 
R: gas constant, R=287N.m/(kg.K) 
r: ratio of specific heats, r=1.4 

S: effective area of elastic-membrane, m2 
T: temperature of environment, K 
V: cubage of the chamber, m3 
W: air mass in chamber, kg 
x: displacement of the adjusting spring, m 
x1: displacement of the valve core, m 
 
 
 

INTRODUCTION 
 
As well known, regulator is used in almost every 
pneumatic system. The function of the regulator is to 
maintain the working pressure of the system at a value 



                   

which is set in advance and keep the outlet pressure 
constant while the flow rate changes. So it is very 
important to know the flow-rate characteristics of the 
regulator in order to optimize the design of a pneumatic 
system. The flow-rate characteristics is defined as the 
relationship of air flow capacity passing through the 
regulator and the differential pressure of the input 
pressure and outlet pressure[1]. The traditional 
measurement method[2] of the flow-rate characteristics 
of the regulator was showed in Figure 1. The working 
pressure of the system was set in advance. When the 
solenoid valve received an electrical signal, compressed 
air from the air source flew through the regulator. The 
pressure gauges P1, P2 were used to record the input 
pressure and outlet pressure of the regulator, respectively, 
and the flow meter was used to measure the gas flow rate. 
One point in the flow rate characteristics curve was 
obtained at a set throttle uncork. By changing the uncork 
of the throttle, a curve was obtained from a group of 
points. It was apparent that this method was of low 
efficiency and needed large air consumption. In order to 
resolve these problems, a new measurement method of 
the flow-rate characteristics of a regulator was proposed 
in this paper. 

 

Fig.1Experimental Device Of The Conventional Method 

 
The principle of the new measurement method was 
introduced and dynamic model of the regulator was 
established and simulated with Simulink[3]. Meanwhile, 
experimental research on the conventional measurement 
was carried out and LabVIEW was used to acquire data 
in the experiment. The simulation results and 
experimental results were compared in order to verify the 
feasibility of the new measurement method. 
 

1.1.1.1. Principle of the new measurement method 
 
The principle of the new method was shown in Figure 2. 
The system of the measurement was composed of a 
solenoid valve, a regulator to be measured, a chamber, a 
pressure sensor, a data acquisition card and a PC. When 
the solenoid valve received a signal from the PC, 
compressed air from the air source flew through the 
regulator to charge the chamber. The pressure response 

in the chamber was measured by the pressure sensor and 
the data acquisition card. And then a flow-rate 
characteristics curve was gained by analyzing the 
acquired pressure signals. It should be pointed out that 
only the quasi-equilibrium section of the regulator 
response in the course of charging was used to analyze 
its static characteristics in the new measurement method.  
 

 
Fig.2 Principle Of The New Measurement Method 

 
Assuming the pressure of air source and the cubage of 
the chamber were constant. The measurement principle 
of the new method could be explained using the equation 
of the energy and ideal-gas state equation. The state 
equation for compressed air in a chamber was written as 
Eq. (1). 
 

  PV WRT=                          (1) 
 
The following equation was derived by totally 
differentiating Eq. (1):                          
 

  dt

dT
WRGRT

dt

dP
V +=

                   (2)   
 
If the state of compressed air in the chamber during 
charge or discharge remained isothermal, the following 
equation could be obtained from Eq. (2).  
 

  dt

dP

RT

V
G =

                        (3)  
  
It was clear from Eq. (3) that if the cubage of the 
chamber V and the temperature of environment T were 
known, the mass flow rate G was proportional to the 
differentiated value of the pressure P in the chamber. 
Because the flow rate was continuous, the mass flow rate 
through the regulator was equal to which flew into the 
chamber. Assuming the outlet pressure was the same as 
the pressure in the chamber. So the curve of the flow rate 
characteristics of the regulator could be acquired from 
these data. 
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2.2.2.2. Simulation of the new measurement method 
 
SIMULINK was used to verify the theoretical validity of 
the new measurement method by simulating the regulator 
and comparing the simulated curve with the traditional 
experimental curve. The simplified model of the 
direct-type regulator which was used to establish the 
mathematical model was shown in Figure 3. 
 

 
Fig.3 Simplified Model Of The Direct-type Regulator 

 
2.1 Theoretical formulae used in simulation 
When establishing the mathematical model[4][5] of the 
system, the following assumptions were made: 
l  Compressed air accorded with the ideal-gas state 

equation, and the air leakage because of ill sealing 
was neglected. 

l  The pressure and the temperature in the same 
chamber were even.  

l  The outlet pressure of the regulator was equal to the 
pressure in the chamber. Air source, atmospheric 
pressure and environmental temperature kept stable.  

l  The temperature of compressed air was isothermal 
in the chamber. 

In the simulations, the mass flow rate G in the chamber 
was calculated with Eq. (3) and that through the 
regulator could be calculated with the following 
equation: 
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The force equilibrium equations were as follows: 
For charging: 
 

2 1( )vK x x P S K x B x m x
• ••

− − − − =        (5) 
 
For discharging: 

2 1 1 1vP S Kx Kx B x m x
• ••

− − − =          (6) 
                                     
According to the Eq. (3), Eq. (4), Eq. (5), Eq. (6), the 
emulator of the regulator was shown in Fig 4. 
 

 
           Fig.4 Emulator Of The Regulator 
 
2.2 Results of simulation 
2.2.1 The impact of the chamber cubage V 
In the simulations, the pressure of air source and the 
outlet pressure were set 0.7MPa and 0.3MPa, and the 
chamber cubage V was 0.01 liter, 0.1 liter, 1 liter, 10 liter 
and 100 liter, respectively. Figure 5 showed the 
simulation results of the new measurement method of the 
flow-rate characteristics of the regulator. The five lines in 
the figure represented different chamber cubage. A 
conclusion was drawn from the figure: if the chamber 
cubage V was too small, there was no quasi-equilibrium 
process; if the chamber cubage V was too big, the 
pressure response became too slow. So it was very 
important to choose an appropriate cubage. 
 

 
 

Fig.5 Simulated Curve Of The New Method 
 



                   

2.2.2 Comparison of the simulated curve and the 
traditional experimental curve 
As shown in Figure1, the air source pressure and the 
outlet pressure of the regulator were set to 0.5MPa and 
0.2MPa, respectively. Only the quasi-equilibrium phase 
in the simulated curve was analyzed in the research. As 
shown in Figure 6, the simulated curve agreed well with 
the experimental curve, which proved the feasibility of 
the new method. 
 

 
Fig.6 Comparison Of The Simulated Curve And The 

Experimental Curve 
 

3.3.3.3. Experiment of the new measurement method 
 
As shown in Figure 2, the air source pressure and the 
outlet pressure of the regulator were set 0.5MPa and 
0.2MPa respectively to keep consistent with the 
conventional measurement method. The pressure signals 
in the chamber, which were sampled by the pressure 
sensor and the data acquisition card, were dealt with by 
ORIGIN, so the pressure-time curve and flow rate-time 
curve were shown in Figure 7 and the flow-rate 
characteristics curve of the new method was shown in 
Figure 8. 
 

 
 

Fig.7 The Pressure-time And Flow Rate-time Figure 

 
Fig.8 Flow-rate Characteristics Curve Of The New 

Method 
 
Figure 9 showed the comparison result of the new 
measurement method and the conventional method. 
From this figure, it was clear that the curve gained by 
new method was similar to the curve obtained from the 
conventional method. Because the temperature was 
changing while charged the chamber, which was 
unchangeable during the simulation, there were some 
differences between two curves. 
The result verified the feasibility of the new 
measurement method of the flow-rate characteristics of 
the regulator.  
 
 

 
 
Fig.9 Comparison Result Of The New Method And The 

Conventional Method 
 

4.4.4.4. Conclusion 
 
This paper proposed a new measurement method of the 
flow-rate characteristics of a regulator. The basic 



                   

principle of the new method was detailed. Then, 
simulations and the conventional method experiments 
were performed. The curves obtained from the 
conventional method and the new method were in good 
accordance, which verified the feasibility of the new 
method. 
The new measurement method has some advantages such 
as high efficiency, good precision and less air 
consumption. So it will be possible to become a standard 
measurement method of the flow-rate characteristics of 
the regulator in future. 
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ABSTRACT 
 

This paper presents a global characterization and an analytical model of the static flow stage of an electro-pneumatic 
proportional valve FESTO MPYE-5-M5-010-B. This study is useful for linear or nonlinear control synthesis in our 
application for medical robotics. Firstly, the experimental measurements are carried out using 3D graphs where a set of 
curves gives the output mass flow rate as a function of the electrical input of the electronic stage for different values of the 
output pressure. The exhaust and supply pressures, during these tests, are assumed to be constant. Moreover, 2D classical 
curves given by some constructors can be reconstructed, such as mass flow gain, pressure gain and mass flow 
characterization. Secondly, an approximation of the mass flow stage characteristics of this five-way proportional valve by 
a polynomial function is described. The model elaborated enables a good reproduction of the pressure gain and the global 
mass flow characterization curves to be obtained. 
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I. INTRODUCTION 

 
Pneumatic systems are increasingly present in a number 
of industrial manufacturing procedures, handling, 
medical, armament and robotics, etc. 
The use of proportional distributors in pneumatic 
systems has a practical design and simple use, especially 
to carry out the synthesis of the linear and nonlinear 
control laws in feedback control, for example position 
feedback control or force feedback control tracking 
according to desired trajectories [1]. Moreover, the 
proportional valve is a power modulator that does not 
consume much energy [2],[3]. A servo-distributor is 
known as proportional when it provides a mass flow rate 
in bi-directional operating mode which is a function of 

the input voltage of the electronic stage of the 
proportional valve. 
FESTO MPYE-5-M5-010B is a proportional valve, 
5/3-way function, with a maximum flow rate of about 
140 Nl/mn* at a supply pressure of 7 bar abs**. This 
mass flow rate is suitable for developing a medical robot 
(BirthSIM) [4],[5]. 
BirthSIM is a childbirth simulator developed in 
collaboration between INSA Lyon (Institut National des 
Sciences Appliquées) and HCL (Hospices Civils de 
Lyon) [6]. BirthSIM is a dynamic functional simulator, 
which takes into account the movement of a baby 

                                                   
*1 Nl/mn = 0.0215 g/s 
**Thereafter, all the pressure values expressed in bar, will be in absolute 
bar. 



 

through its mother’s pelvis. In fact this type of simulator 
will help to teach, in a realistic way, and in complete 
safety the medical techniques of childbirth in the 
midwife schools and the Faculty of Medicine. It has been 
developed to enable obstricans to learn how to perform 
the procedure for the first time. The operative part of 
BirthSIM contains a pneumatic actuator which produces 
the movement of the head of the newborn and supplies a 
programmable resistance to the force of traction. The 
actuator will enable BirthSIM to imitate contractions and 
the mother’s pushing action. This actuator is a linear 
cylinder, double-acting and single rod which supports the 
head of the newborn. This cylinder can position the 
newborn, and more particularly its head, on a horizontal 
axis. Two FESTO MPYE-5-M5-010B proportional 
valves control this pneumatic cylinder. In order to carry 
out the automatic piloting of the electro-pneumatic 
system, it is necessary to know the mathematical model 
of the power modulator.  
Servo-distributor manufacturers do not provide sufficient 
characteristics to obtain a model of the flow rate stage of 
the pneumatic components in their documentation [7]. 
No precise characteristics are provided by FESTO. This 
is why the global static characteristics (port P) of the 
proportional valve, were established. Moreover, 
experimental measurements carried out can give a 
precise knowledge of the mass flow rate delivered by the 
flow stage of this proportional valve and then a 
simulation model can be deduced. These measurements 
form a table, having as inputs the output pressure and the 
electrical input of the electronic stage integrated into the 
proportional distributor and giving the output mass flow 
rate. The procedures followed to carry out the global 
characterization of the FESTO proportional valve 
confirm the possibility of applying a protocol carried out 
previously for a servo-distributor of the Asco 
JOUCOMATIC company [7],[8], to other fluid power 
components. Servotronic Asco JOUCOMATIC is a 
three-way electro-pneumatic servovalve, its maximum 
flow rate is about of 1400 Nl/mn. This flow rate value is 
much larger than that of the FESTO MPYE-5-M5-010B 
proportional valve. 
This article is organized as follows: In section II, the 
FESTO proportional valve is briefly described. In section 
III, experimental results of a global characterization of 
this type of pneumatic component is provided. Section 
IV presents a mathematical model of the static flow rate 
stage. The results obtained with this model are compared 
with the experimental results and two types of errors are 
then discussed. 

 
II. USAGE OF THE PROPORTIONAL VALVE  

 
The MPYE-5-M5-010B proportional valve is a 5/3-way 
function distributor. It is thus composed of five ports N, P, 
S, E and E with three configurations for the air flow 
(Figure 1). The five ways present an S orifice of 
compressed air (it is numbered orifice (1) by the 
manufacturer), two working orifices for P(4), N(2) and 

two for the exhaust E(3 and 5). For a voltage of 5 V, 
when the spool is in mid-position, the flow rate of the 
distributor is theoretically null. If the input control is 
varied from 5 V to 0 V, the compressed air exits from 
port (1) towards port (2) and the exhaust goes from port 
(4) towards port (5). By varying the voltage of 5 V to 10 
V, the compressed air exits from port (1) towards port (4) 
and the exhaust goes from port (2) towards port (3).  
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Figure 1. Photograph and schema of a FESTO 

MPYE-5-M5-010B proportional valve 
 

III. EXPERIMENTAL CHARACTERIZATION 
RESULTS 

 
The characterization suggested for the FESTO 
proportional valve is a global static characterization for 
constant exhaust and supply pressures. 
•  Global since the output mass flow rate is given as a 

function of both the electrical proportional valve 
input and of the output pressure, the supply and 
exhaust ports being as in normal working conditions 
which means that none of them is shut. 

•  Static, because for each variation in the electrical 
input control or in the output working pressure, the 
measurement readings (pressure and flow rate) are 
taken when the flow rate is in established mode.  

Figure 2 shows the testing device used for measuring the 
desired characteristics of the port P(4) when the port 
N(2) is shut. The experimental procedure consists of 
recording the output flow rate for each variation of the 
input voltage and of the working pressure PP. It is 
necessary to vary one of these two independent values 
and to keep the other constant. 
It can be seen from Figure 2 that, for this purpose, the 
output pressure PP and the supply pressure (PS=7 bar) are 
kept constant by using two pressure regulators. 
Considering the nonlinear character of this type of 
component (Figure 4), it was necessary to make more 
voltage measurements between 4 V and 6 V. These 
values correspond too to the significant part of the 
pressure gain characteristic at null mass flow rate (Figure 
11). 
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Figure 2. Testing device 
 

Figure 3 shows (after having carried out a linear 
interpolation of the measurement points) the 
three-dimensional evolution of the mass flow rate as a 
function of valve-input control and its working pressure. 
In fact, if this characteristic is projected on two planes 
(U,qm) and (PP,qm) the network of mass flow gain (Figure 
4) and the network of mass flow rate characterization 
(Figure 5) can be obtained respectively. 

 

 
 

Figure 3. 3D-global static characteristics 
 

Figure 4 shows the evolution of the output proportional 
valve mass flow rate qm as a function of electrical input U, 
for eight different values of the output pressure PP, 
distributed from 1.25 to 7 bar. In this figure is shown: 
•  The non-linearity of the curves for values near the 

supply and exhaust pressures, for values of input 
control near the 5V value.  

•  The eight curves are monotonous. 
•  A phenomenon of saturation is noticed for the values 

of input control higher than 8 V and lower than 2V. 

The set given in Figure 5 shows the output mass flow rate 
as a function of the output pressure for 26 different 
values of the input voltage control from 0.153V to 10V.  

 

 
 

Figure 4. Set of mass flow rate curves as a function of 
proportional valve input 

 

 
 

Figure 5. Set of mass flow rate curves as function of 
proportional valve output pressure 

 
This network clearly shows the classical behavior of the 
servo-distributor orifices related either to a supply 
process or to an exhaust process for large absolute values 
of the valve proportional input control. 
Each of the two sets of curves (Figure 4 and 5) 
determines simply the variation of mass flow rate against 
both an output pressure PP and an input control. This 
constitutes useful information about the power 
modulator under study which is not directly available on 
the manufacturer documentation. This information 
enables a simulation model of the static flow stage in the 
form of an easily programmable 3D-table to be used for 
any simulation. By interpolation between the points, it 



 

gives the real global mass flow rate at the output port 
whatever are the output pressure and the input control. 

 
IV.  ANALYTICAL CONTROL MODEL 

 
The synthesis of certain control laws requires the 
knowledge of a flow stage model in a mathematical form 
[2]. The modeling of a servodistributor enables the mass 
flow rate at its output as a function of the output working 
pressure, and of the electrical input control to be 
determined. For the control objective, it is tried to 
reproduce the static behavior of the FESTO distributor 
proportional valve, via a mathematical expression. 
A method had been proposed, using a mathematical 
expression of the mass flow rate evolution law, 
depending on the global characteristics of the 
servo-distributor JOUCOMATIC SERVOTRONIC [8]. 
This control model for the FESTO proportional valve is 
validated by carrying out a translation of the valve-input 
control U to new values of control Ut varying around 0V: 

) -  5.0412  ( UUt = . The value equal to 5.0412V (deduced 
from the measurements) corresponds to the intersection 
point of the pressure gain characterization orifice P and 
orifice N thus to the same pressure on both output ports. 
The mathematical expression affine in the control input 
is : 

 

( ) ( ) ( )( ) ttPPPtm UUsgnPPPUq ×+= ,, ψϕ     (1) 

 
•  ( )Ptm PUq ,  illustrates a mass flow rate (Nl/mn) that 

is a function of  the working pressure Pp and an input 
control voltage Ut. 

•  ( )PPϕ  is a polynomial function whose evolution 
corresponds to the mass flow rate leakage (Nl/mn) 
from the orifice P. It is identical for all input control 
values tU (Figure 6. )  

 
 

Figure 6. Approximation of mass flow rate  
measured for 0=tU : Function ( )pϕ   

•  ( )( )tP UsgnP ,ψ  is a polynomial function of the input 
control sign (Figure 7) because it is different for the 
inlet ( )0>tU  and for the exhaust ( )0<tU . 

 
 

 
 

Figure 7. Approximation of the ( )( )tP UsgnP ,ψ  function.  
 

The form of the mass flow rate shown in Figure 5. 
justifies the approximation by two different ψ functions, 
one defined for positive values of Ut and the other for 
negative values. The nonlinear shape of the global 
characteristics of the mass flow rate, as a function of the 
output pressure and the input control, justifies the choice 
of the polynomial function of the form (1). The minimal 
degrees of the polynomials ( )PPϕ , ( )0, <tP UPψ  and 

( )0, >tP UPψ  to have the smallest absolute estimated 
error, equal to 4, 4 and 5 respectively. 

 
IV.1. CONTROL MODEL VALIDATION 

 
In this paragraph, a comparison of the characteristics 
resulting from the approximations with those resulting 
from the experimental measurements of the FESTO 
proportional valve ( section III ) is presented. 
Figure 8 shows the evolution of the mass flow rate as a 
function of the electrical input control and the working 
pressure according to equation (1). This two-dimensional 
evolution has a shape rather near that of the static global 
two-dimensional characteristic of the FESTO 
MPYE-5-M5-010B proportional valve, as illustrated in 
Figure 3. 
In fact it can be observed in Figures 9 and 10 that the 
mass flow rate reconstituted from the equation (1), gives 
good results comparatively to the measurements except 
for: 
•  the negative values of the input control Ut with 

output pressures PP equal to 6 , 6.5 and 7 bar. 
•  the positive values of input control Ut with a 

working pressure PP near to that of the atmospheric 
pressure (1.25 bar and 1.5 bar). 

 



 

 

 
 

Figure 8. Global static characteristics reconstituted  
from the equation (1)  

 
 

 
 

Figure 9. Comparison: Experimental and reconstituted 
set of mass flow rate curves as a function of valve input 

 
These errors are not troublesome for the uses under 
consideration, because the pressure domains correspond 
to extreme values close to the supply or exhaust 
pressures which will not be examined very much. 
An other way to validate the obtained approximation is to 
compare the pressure gain characteristic PP at null mass 
flow rate reconstituted from equation (1) with the 
measured characteristic. It can be observed in Figure 11 
that the approximation gives good results compared to 
the measurements. In fact the slope of the pressure gain 
reconstituted is larger than that measured in the 
experiments. In this interval the displacement of the 
valve spool causes the opening of one of the working 
orifices P or N and the closing of the other. 

 

  
Figure 10. Comparison: experimental and reconstituted 

set of mass flow rate curves as a function of output  
pressure 

 

 
 

Figure 11. Comparison: Experimental and 
reconstituted pressure gain curve 

 
IV.2. MODELING ERROR 

 
Two criteria are presented to validate the control model. 
On one hand, an absolute error of mass flow rate is 
obtained that is low on all the application fields of the 
FESTO proportional valve. On the other hand, a relative 
error of the mass flow rate for the greatest opening zone 
of a passage of fluid estimated for this component is 
obtained. 
The absolute errors of the mass flow rate generated by 
the control model given by the equation (1) are weak 
(between -15 Nl/mn and +15 Nl/mn) as shown in Figure 
12. They are maximal at the edges of the pressure field 
PP.  
The relative errors of mass flow rates generated by the 
approximations for the values of electrical input control 



 

Ut outside the interval [-1, +1], are between -10% and 
+15% (Figure 13) 

 

 
Figure 12. Mass flow rate absolute errors 

 

 
 

Figure 13. Mass flow rate relative errors 
 

These approximations knowledge will be useful to 
synthesize nonlinear robust control law [9]. 

 
V. CONCLUSION 

 
In this paper an analytical model of a MPYE-5-M5-010B 
proportional 5/3-way valve from the FESTO company 
has been presented. The mathematical model has been 
obtained after realizing a global characterization of the 
static flow stage of this servo flow control valve. The 
experimental measurements carried out for a 
characterization in three-dimensions (mass flow rate, 
output pressure and electrical input control), can be used 
as a simulation model. The characteristics presented in 
Figure 3 can consider FESTO servo-pneumatic valve is 
suitable to carry out the functions of the childbirth 
simulator BirthSIM. 
The analytical model of the FESTO proportional valve 

was validated by reconstituting the global 
two-dimensional characterizations and the pressure gain 
curve at null mass flow rate. The good results obtained 
show that the characterization and modeling protocol of a 
servo-distributor carried out previously [7] can be used 
for another pneumatic modulators. The weak errors of 
the mass flow rate enabled the control model to be 
validated. A control synthesis would enable the simulator 
BirthSIM to be automated. In fact the generation of input 
trajectories for our system is an important problem to 
resolve in order to translate the medical conditions into 
an automation problem. Later it will be necessary to 
synthesize robust controls which will enable to take into 
account the known errors of the flow stage model. This 
will enable to minimize tracking errors in a highly 
non-linear field. 
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ABSTRACT 
 

The paper presents the design and the construction of the power part of a three-way pneumatic valve that uses a pilot 
stage developed by Belforte et al., based on a compact turbulent amplifier that uses the laminar-turbulent transition of 
fluidic jets. The valve can be used to drive a power stage of pneumatic circuits. It has a low energy consumption to 
switch. The pilot stage uses an acoustic signal generated by a piezoelectric device to brake the laminar flow. The power 
part of the valve has been designed to obtain an high conductance and a good dynamic performance. The design of the 
power valve, by a mathematical model using concentrated parameters, is presented. The prototype was constructed and 
tested. The results of the experimental test are also reported and discussed. 
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NOMENCLATURE 
 

p0  : recovered pressure 
ps : supply pressure 
pc : control pressure 
Ci : conductance 
Ri : resistance 
Gi : flow-rate 
D1 :  control diaphragm 
D2 : power diaphragm 
V :  voltage 
QN: normal flow-rate 
 

 
INTRODUCTION 

 
The paper presents the design and the construction of a 
three-way pneumatic valve that uses a pilot stage 

developed by Belforte et al. [1,2], based on a compact 
turbulent amplifier that uses the laminar-turbulent 
transition of fluidic jets. The valve can be used to drive 
a power stage of pneumatic circuits. It has a low energy 
consumption to switch. The pilot stage uses an acoustic 
signal generated by a piezoelectric device to brake the 
laminar flow. The supply pressures at the pilot stage is 
about 2000 Pa, the maximum pressure recovered at the 
receiving nozzle is about 1200 Pa. The supply pressure 
at the power section is fixed at 3 bar. The power part of 
the valve has been designed to obtain an high 
conductance and a good dynamic performance. The 
operating principle of the low pressure/high pressure 
interface is based on a flapper nozzle sensor. The 
classical architecture of the flapper nozzle in a valve is 
formed by a circular hole, where supply air comes, that 
faces to the flapper [3]. The idea was to use an annular 
shape of the hole that supplies air and a circular shape 
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inside it bonded to the exterior. In this way the air flux 
flows to the exterior by two surfaces and it is possible to 
reduce the displacement of the flapper. The design of 
the power valve is also presented. The prototype was 
constructed and tested. Finally the results of the 
experimental test are reported and discussed. 

 
 
 

THE PILOT STAGE 
 
The pilot stage of the valve was developed and 
constructed by Belforte et al. [1,2]. It is based on a 
compact turbulent amplifier and it uses the 
laminar-turbulent transition of fluidic jets. Between the 
emitting and the receiving nozzles there is a diffuser, to 
improve the amplifier performance, and an open 
chamber. The open chamber is open to the environment 
and the control signal is located in it. 
The control signal is obtained by an acoustic signal 
generated by a commercial low power piezoelectric 
element (power supply = 1 V, max frequency = 17100 
Hz, max acoustic amplitude = 94.5 dB). It emits a sound 
disturbance capable of producing jet transition. In fact 
the fluidic jet shows a high sensitivity to acoustic signal 
whose frequency is close to the natural frequencies of 
the jet. Some experimental tests were carried out on the 
pilot stage to define the optimal values of the supply 
pressure, voltage and frequency of the piezoelectric 
element. The distance between the jet and the 
piezoelectric element is 1.2 mm to minimize the energy 
consumption.  
The characteristic geometrical dimensions of 
rectangular nozzles are as follows. 
 
Emitting nozzle-Receiving nozzle distance = 14 mm 
Emitting nozzle section = 0.5 mm x 0.4 mm 
Receiving nozzle section = 0.5 mm x 0.4 mm 
Diffuser inlet section = 0.8 mm x 0.6 mm 
Diffuser outlet section = 1.5 mm x 0.6 mm 
Emitting nozzle-Diffuser nozzle distance = 6 mm 
 
Figure 1 shows the final result of these tests as 
characteristic diagram of the pilot stage: the output 
pressure versus the supply pressure.  
The maximum pressure recovered at the receiving 
nozzle is about 1500 Pa. The presence of the 
piezoelectic element reduces the maximun pressure 
recovered to about 1200 Pa, because of the partial 
occlusion of the exhaust section.  
A numerical model of the air flux in the pilot stage was 
created to verify the behavior of the numerical 
calculation of compressible flow in a spatial geometry. 
The numerical model was defined by a Computational 
Fluid Dynamic (CFD) software package, FLUENT code, 
in which the Finite Volume Method is used to solve the 
numerical equations of the air flux in a spatial geometry. 

The results of the numerical simulation were compared 
with the experimental ones as pressure drop at the 
receiving nozzle in steady flow conditions. A good 
agree was obtained between numerical simulation and 
experimental tests. 
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Figure 1. Output pressure po vs. supply pressure ps for 
the pilot stage 

 
 

THE POWER SECTION 
 
The three-way normally closed valve was designed 
using the operating principle of a flapper nozzle sensor.  
The supply pressure was fixed at 3 bar at this stage. The 
Fig. 2 shows a simplified drawing of the valve useful to 
understand the working principle of the valve, where pc 
is the control signal arriving from the pilot stage. The 
upper part of the drawing shows the control diaphragm 
D1, where the control signal pc acts, that is a pneumatic 
amplifier. Under this diaphragm the power part of the 
valve is observable. 

 
 

 
Figure 2. Simplified drawing of the power section  

of the valve  
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In the absence of the control signal pc the supply air ps, 
which reachs the volume between the power diaphragm 
D2 and the control diaphragm D1, via the d2 diameter 
resistance and the d1 diameter nozzle, flows to the 
exterior by a discharge port located below the 
diaphragm D1. When the control signal pc is applied, the 
control diaphragm D1 closes the d1 diameter nozzle and 
the pressure pp rises stretching the power diaphragm D2 
and, moving, consequently, the flapper, leading to the 
switching of the valve.  
The control diaphragm D1 used was designed with the 
the pilot stage by Belforte et al. [2], while a design was 
made by the authors for the power diaphragm D2. The 
design has considered two materials: silicone and 
natural latex. With silicone, different materials was used 
as internal structural part: cotton (thickness 0.75 and 1 
mm), viscous synthetic tissue (t. 0.75 mm) and tulle (t. 
0.75 mm). No structural part was used for natural latex. 
A technological set up was implemented to construct 
these diaphragms. Liquid silicone was degassed using a 
vacuum pump to prevent the presence of inclusions of 
air in the final diaphragms. Both silicone and latex 
based diaphragms were manufactured using an 
alluminium forming shape (Figure 3) and a slow 
flow-rate of iniection was adopted to avoid air inclusion 
in the texture of internal structural part.  
 

 
 

Figure 3. Diaphragm D2 forming shape 
 
All these diaphragms were tested at a pressure of 3 bar, 
measuring the displacement of the central point. Finally 
all of them were tested in the prototype of the valve. 
The Figure 4 shows the silicone-based diaphragm with 
internal cotton texture. 
A theoretical scheme was used to define the focal 
sections of the valve, in order to ensure and to verify the 
static functionality of the system and to have also a 
valid tool to gain sensibility in realizing unforeseen 
behaviour of the valve. A concentrated parameters 
model was adopted. The approximation of concentrated 
parameters can reasonable be accepted because the ratio 
of conduit length against its diameter is not too large. 
Moreover the distance covered by a generic sonic  

 
 

Figure 4. The silicone-based diaphragm 
 

pressure signal, for the duration of transitory of the 
valve switch, is much more larger than the same 
conduit. It can be noticed that neither capacitive nor 
inductive quantities are included in the scheme but it 
can be easily proved that these ones are not essential in 
steady-state conditions.  
Boundary conditions for inlet pressure and outlet 
pressure are known, while some dimensions of internal 
restrictions were fixed to solve the above equivalent 
scheme. 
The Fig. 5 shows the equivalent scheme of the power 
section of the valve 
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Figure 5. The equivalent scheme of the power section 

 
 
Resistances R0 and R3 are represented as variable 
quantities, infact they are respectively associated to the 
power flapper nozzle and to the control flapper nozzle: 
their resistances can assume value ∞ (infinite), when the 
nozzle is closed by the flapper, or Ri. R1 is the resistance 
of the restriction in the cylindric element, shown in 
Figure 6.a, below the power diaphragm D2.  
Solving the equivalent scheme, by using (1), (2), and (3) 
all the conductances of the pneumatic system are 
determinated: 
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(1) 

 
 

(2) 
 

 
(3) 

 
 
C1 = 3.33⋅10-12 m3/(s Pa) 
 
C2 = 3.43⋅10-11 m3/(s Pa) 
 
C3 = 3.53⋅10-10 m3/(s Pa) 
  
About the flapper nozzle the goal was to obtain a high 
conductance and a good dynamic performance. The 
classical architecture of the flapper nozzle in a valve is 
formed by a circular hole, where supply air comes, that 
faces to the flapper. The idea was to use an annular 
shape of the hole that supplies air and a circular shape 
inside it bonded to the exterior. In this way the air flux 
flows to the exterior by two surfaces and it is possible to 
reduce the displacement of the flapper growing the 
dynamic performance of the valve.  
The Fig. 6 shows two sectional views of the designed 
valve, while in the Fig. 7 is shown the prototype 
manufactured. 
In the upper part of the Fig. 6 a) the pilot stage is 
located. The connections on the right side are for the 
pressure supply of the pilot stage, in the upper part, and 
for the exaust of the power stage, in the lower part. 
From left to right in the Fig. 6 a) is possible to see four 
parts that represent the power section of the valve. The 
first part shows the air connection between the pilot 
stage and the power section of the valve. It is linked to 
the second part by the control diaphragm D1. 
Continuing on the right side it is possible to see the 
power diaphragm D2, between the second and the third 
part of the valve, that moves the spool, that’s means the 
flapper, to close the nozzle. In the forth part it is 
possible to see the annular shape volume, connected to 
the air supplier in the bottom of Fig. 6 b) on the right, 
and the central hole that, together with the volume of 
the flapper, is connected to the exhaust port, on the right 
in the same figure. The material used for the power part 
of the valve is aluminium. 
The Fig. 7 shows a photo of the prototype, where the 
pilot stage is on the top of the valve, while the power 
section is the lower part. In this figure you can see the 
fittings for air connection, and the electrical wires to 
command the piezoelectric element. Two of the 4 
fittings are to be connected to the air supplier, 3 bar for 
the pilot and 3 to 8 bar for the power section. While the 
2 fittings remained are the exhaust ports. 
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Figure 6. Sectional views of the valve: vertical section 

a) and horizontal section b) 
 
 

 
 

Figure 7. Photo of the valve’s prototype 
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THE EXPERIMENTAL TESTS 
 

Following the design and the manufacturing of the 
prototype of the 3/2 pneumatic valve, an experimental 
activity was defined to validate the design by 
calculating the main characteristic curves of the valve: 
the flow diagram inside the valve and the diagram of the 
step response test. 
The flow diagram, shown in Fig. 8, was calculated 
following the international standard ISO 6358 [5] for 
three pressure values Ps before the valve: 3, 4 and 5 
absolute bar. Also the valve’s characteristic coefficients 
were calculated: C, conductance, and b, critical pressure 
ratio, Table 1. 
For the step response test the international standard 
ISO12238 was followed [6]. In this case the valve was 
tested measuring the electric signal of the pressure 
transducer outside the valve versus time, so that the time 
delay of the valve can be calculated. A data acquisition 
board was used to acquire the signal both from the 
pressure transducer and from the signal generator used 
to send the command signal to the piezoelectric element. 
The electrical command signal for the piezo has an 
amplitude of 1 V and a frequency of 16.4 kHz in a 
square wave shape. The tests were carried out for the 5 
different power diaphragm D2 previously described. The 
results are shown in the Fig. 9 and the diaphragm in 
silicone with 1 mm of cotton has the shortest response 
time: 19 ms. This result confirms that the most rigid 
diaphragm gives the best dynamic performance at the 
valve. At this step no experimental tests are carried out 
on the fatigue life of the valve. 
 

Table 1 Characteristic coefficients of the valve 
 

PS [bar] C [dm3/(s bar)] b 

3 0.64 0.27

4 0.60 0.29

5 0.56 0.30
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Figure 8. Flow diagram of the valve  
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Figure 9. Step response tests for the different power 

diaphragms D2
 
 

CONCLUSIONS 
 

This paper presents the design and the construction of 
the power part of a 3/2 pneumatic valve that uses a low 
power pilot stage, based on laminar-turbulent transition 
of a fluidic jet. The valve can be used to drive a power 
stage of pneumatic circuits. The pilot stage uses an 
acoustic signal generated by a piezoelectric device to 
brake the laminar flow. The design of the power valve is 
presented. The prototype was constructed and tested. 
The results of the experimental tests has shown an 
interesting behaviour of the valve and confirm the 
design choices. Future work includes fatigue tests on the 
diaphragms D1 and D2 and on the complete valve. 
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ABSTRACT 
 

The simplified test model of the commercial reciprocating compressor for an automotive air-conditioner is used to 
measure the displacement of the suction valves using a strain gauge and to investigate the velocity distributions of the 
discharge flow from the valves using the particle image velocimetry sytem. This paper is focused on the effects of shape 
of the suction valve on the vibration-reduction. The size of the suction valve hole and the width of the tip of the suction 
valve are changed as main parameters of the valve shape. First, the size of the conventional valve hole and the width of 
the tip of the conventional valve are changed and seven new valves are manufactured to reduce the vibration of the 
valve. Next, the influence of the natural frequency on the vibration-reduction is investigated using one shape of the new 
valves by changing the material and the thickness of the valve. Finally, the reason of the vibration-reduction for one 
shape of the new valves is discussed from the results of the flow analysis around the valve. The vibration-reduction for 
one of the new valve is confirmed by measurement of the displacement of the valve in the reciprocating compressor. 
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INTRODUCTION 

 
The noise is usually caused from the evaporator for an 
automotive air-conditioner because the evaporator 
resonates with the pressure-pulsation in the commercial 
reciprocating compressor. Therefore the decrease of the 
pressure-pulsation is one of the important problems in 
the reciprocating compressor for the automotive 
air-conditioner. Tsukiji et al. [1] found through the 

previous studies that the vibration of the suction valve 
affects the pressure-pulsation. Sato et al. [2,3] conducted 
the flow visualization of the discharge flow from the 
suction valve using the commercial compressor, which is 
improved to observe inside it under the actual condition. 
Chung et al. [4] and Myung et al. [5] investigated only 
the flow analysis around the suction valve using PIV 
system with the test facility for the flow visualization. 
On the other hand, Ishii et al. [6] and En et al. [7] 
performed only the measurement of the vibration using 



the strain gauge for the suction valve. Despite the 
above-mentioned studies, it is not done about the 
reduction of valve vibration. 
This paper is focused on the effects of shape of the 
suction valve on the vibration-reduction. The size of the 
suction valve hole and the width of the tip of the suction 
valve are changed as main parameters of the valve shape. 
First, this paper describes the relevant fundamental 
studies employing a cylinder with one suction valve on 
the valve plate as a test model instead of the 
reciprocating compressor for the automotive 
air-conditioner. The test model was designed to measure 
the displacement of the suction valve and to visualize the 
discharge flow from the suction valve inside the cylinder. 
The valve vibrations of the conventional valve and the 
improved valve were measured using a strain gauge. On 
the other hand the measurement of the velocity 
distributions was performed to analyze the flow field 
around the suction valve using the PIV(Particle image 
velocimetry) system. Next, the size of the conventional 
valve hole and the width of the tip of the conventional 
valve are changed and seven new valves are 
manufactured to reduce the vibration of the valve. 
Consequently, it is found that one shape of the new 
valves is the most effective for the vibration reduction. 
Next, the influence of the natural frequency on the 
vibration-reduction is investigated using one shape of the 
new valves by changing the material and the thickness of 
the valve. Finally, the reason of the vibration-reduction 
for one of the new valves is discussed from the results of 
the flow analysis around the valve. The vibration 
reduction for one of the new valves is confirmed by 
measurement of the displacement of the valve in the 
reciprocating compressor for the automotive 
air-conditioner. 
 

TEST APPARATUS 
 
Exper imental set up 
The schematic layout of the test model designed in this 
study is shown in Fig.1. An air as a working fluid is 
compressed using the air compressor and the inlet 
pressure is kept constant to reduce the pressure from the 
compressor with the pressure-reducing valve. The 
solenoid valve is used to stop or flow the air. The 
pressure difference between the upstream and the 
downstream parts of the suction valve is set with the 
downstream valve of the test model. Moreover, the inlet 
pressure and the differential one are measured by the 
pressure transducer. 
The test model is shown in Fig.2. In the figure, the 
right-hand side of the figure is the upstream direction, 
and left-hand side is the downstream direction. The valve 
plate, the suction valve and the cylinder are arranged in 
the test model. A commercial reciprocating compressor 
for an automotive air conditioner has usually seven 
cylinders. However one cylinder was used to simplify the 

experimental device in our experiments. The cylinder 
made of acrylic resin was designed to visualize the flow 
around the valve inside the cylinder. The diameters of 
the suction port and the cylinder, and the depth of the 
valve stopper are same as a commercial reciprocating 
compressor for an automotive air-conditioner. The 
diameter of the suction port is 9 mm in order to make the 
same influence of the suction port on the vibration of the 
suction valve and the flow around the valve. In our 
experiments the air is used instead of refrigerant to 
visualize the flow clearly in the valve. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 1 Experimental apparatus 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 2 Test model 
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Figure 3 Suction valves 
 
Figure3 (a) shows a conventional valve of the type 
C-HW. Moreover, seven kinds of the improvement 
valves are shown in Figures 3 (b) ~ (h). The size of valve 
hole and the width at the tip of a valve for the improved 
valves are changed to compare with the conventional 
valve C-HW. In this experiment, seven kinds of valves 
were manufactured as the first stage of our study. 
Measurements of the displacement of the suction 
valves 
The strain gauge is pasted on the part of the valve, which 
is expected to be deformed largely with quick drying 
glue. As shown in Figure 4, the output signals from the 
strain gauge are amplified through the bridge box and the 
voltage amplifier and are recorded to the data recorder. 
The relation between the valve displacements measured 
using a laser sensor and the output voltages using a strain 
gauge is obtained. 
Flow visualization using PIV (Par ticle Image 
Velocimetry) system 

The PIV system is used to visualize the flow field around 
the suction valve and to obtain the velocity distributions 
for the conventional valve C-HW and the improved 
valve without the vibration. The light sheet using the 
double-pulsed YAG laser is used as a light source. The 
positions of the laser light sheets are shown in Figure 4. 
The laser light sheets are placed on the sections 
perpendicular to the valve plate including the axes A-A 
of a suction port. The tracer particles DEHS are 
introduced in the tube between the mass flow meter and 
the test model, as shown in Figure 1. DEHS is a liquid 
and becomes the mist phase using the pressurized tank. 
The mist of the DEHS is introduced into the 
experimental circuit. 
 
 
 
 
 
 
 
 
 
 

Figure 4 Position of strain gauge and Laser sheet 
 
Test condition 
The upstream pressure is kept constant at 0.2MPaG in 
the present experiments because the suction pressure of 
the reciprocating compressor for an automotive air 
conditioner is also about 0.2MPaG. The mass flow rate is 
changed from 3.0kg/h to 10.5kg/h in our experiments. 
 

RESULTS 
 
Displacement of the suction valve 
Figure 5 shows the displacement for the conventional 
valve C-HW and new valve N-H2W1 for 3.0kg/h of the 
mass flow rate as one of the typical example. Time is 
shown in the horizontal axis and the displacement of a 
suction valve is shown in the vertical axis.  
 
 
 
 
 
 
 
 
 
 
 
 

Figure 5 Valve vibration (Flow rate=3.0kg/h) 
 
Figure 6 shows the amplitude and the frequency of the 
seven suction valves, respectively. The flow rate is 
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shown in a horizontal axis and the amplitude of a suction 
valve is shown in a vertical axis. As shown in Figure 6, 
the amplitude of the new valve N-H2W1 was 0.01mm or 
less. Therefore, there is almost no vibration for the new 
valve N-H2W1. Furthermore, the valves 
(C-HW,N-H1W,N-H1W2,N-H2W2,N-HW2)  vibrated 
for 3.0 kg/h of the low flow rate. Therefore the 
experiments were not conducted for other parameters of 
the flow rate except it. For new valves, the frequency of 
the valves N-H1W1 and N-HW1 is about 200Hz and is 
about 320~340Hz except it. 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 6 Amplitude of the suction valves 
 
The natural frequency fn Hz and mass m g of the valves 
used in our experiments are shown in Table 1.  
 
 

Table 1 Characteristics of the suction valves 
 

 fn[Hz] m[g] 

C-HW 216 0.87 
N-H1W 205 0.72 
N-H1W1 167 0.83 
N-H2W1 165 0.91 
N-HW1 165 0.99 
N-H1W2 199 0.66 
N-H2W2 193 0.74 
N-HW2 201 0.81 

 
 
The natural frequencies are about 165Hz or 200Hz. The 
frequencies of the valves during the vibration in the 
experiment are 200Hz. The natural frequencies of each 
new valves N-H1W1, N-H2W1 and N-HW1 are almost 
165Hz. But we have found that some these valves vibrate 
and the other do not vibrate. 
Next, we changed the natural frequency of the 
vibration-reduced new valve N-H2W1 with 165Hz of the 
natural frequency by changing its material and thickness 
keeping its shape, in order to investigate the influence of 
natural frequency. The natural frequency fn Hz and the 
mass m g of seven kinds of valves manufactured are 

shown in Table 2.  
 
 

Table 2 Characteristics of the suction valves 
(N-H2W1 Type) 

 
 fn[Hz] m[g] 

PK0.2 113 0.61 
PK0.3 165 0.91 
PK0.4 223 1.0 
G0.2 119 0.61 
G0.3 177 0.91 
G0.4 230 1.0 
PK-200 200 1.06 

 
 
Furthermore, it was found from the previous 
experimental results that the valve tends to vibrate for 
200Hz of the natural frequency. We made the valve 
PK-200 with 200Hz of the natural frequency by 
changing the thickness of the valve N-H2W1. On the 
same experimental conditions shown in Figure 6, the 
mass flow rate was changed between 3.0 and 10.5 kg/h. 
As for the experimental results, the oscillating amplitude 
was about 0.3mm only for 9.0 kg/h of the valve G0.3, 
and frequency was about 200Hz. But the other valve’s 
amplitudes were 0.01mm or less almost without the 
vibration. Therefore, in the mass flow range of this 
experiment, the valves were without the vibration and it 
turns out that there is less influence of the natural 
frequency. It is effective to enlarge width of tip of a 
valve, and it turns out that the optimal size for the valve 
hole also exists. It is because the size of the valve hole 
changes the influence of the flow on the valve. Even if 
we change the material’s quality and thickness, keeping 
the valve shape of the valve N-H2W1, it turns out that 
the vibration of the valve can be suppressed mostly. 
From the above results, the important factors for 
designing the suction valve are both the shape of the 
suction valve and the size of valve hole. Then, we paid 
attention to the valve PK-200 of the same shape of the 
valve N-H2W1. The pressure drop is investigated using 
the pressure drops ∆PPK-200 of the valve PK-200 divides 
by the pressure drops ∆PC-HW of the conventional valve 
C-HW. The results are shown in Figure 7.  
 
 
 
 
 
 
 
 
 
 

Figure 7 Pressure loss of the valve PK-200 
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The pressure drop of the valve PK-200 in low mass flow 
rate is smaller than the pressure drop for the valve C-HW. 
If the mass flow rate increases to 6.0kg/h or more, the 
pressure drop of the valve PK-200 is higher than the 
pressure drop of the conventional valve. Therefore, it 
turns out that the effect of the shape of the valve 
N-H2W1 without vibration is effective in the range of 
the low mass flow rate. 
Velocity distr ibutions around the valve 
Figure 8 shows the velocity distributions obtained using 
the PIV technique for the valve C-HW when the flow 
rate is 3.51kg/h. The displacement of the valves changes 
between 0mm and 0.8mm during the vibration as 
mentioned in the section ‘Displacement of the suction 
valve’. In the image shown in Figure 8 the displacement 
of the valve is almost 0.4mm and it is increasing.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 8 Visualized results of conventional valve 
(Flow rate=3.51kg/h) 

 
Figure 8(a) shows the velocity distributions in the section 
A-A and Figure 8(b) shows those in the section B-B. The 
magnitudes of instantaneous velocity vector obtained are 
from 4m/s to 7m/s. In the Figure 8(a) the direction of the 
downstream velocity vectors from the suction port is the 
same direction of the movement of the valve because the 
valve is opening and going up. From the Figure 8(b) it is 

found that the fluid flows from the suction port along the 
surface of the suction valve to the bottom of the valve 
and the flow structure is random and turbulent in the 
downstream region from the suction valve. The velocity 
vectors are obtained at the several times and the flow 
structures observed in the section B-B are almost same. 
In this experimental range, the valve N-H2W1 did not 
almost vibrate as mentioned in the section ‘Displacement 
of the suction valve’. Figure 9 shows the velocity 
distributions of downstream direction for the valve 
N-H2W1 obtained using the PIV technique.  
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

Fig.9 Visualized results of new valve 
(top:using PIV technique, bottom:sketched figure,  

Flow rate=3.0kg/h) 
 
The bottom figure of Figure 9 is the sketched figure in 
the section A-A. From the figure 9 the vortex exists in 
the downstream region of the new valve without the 
vibration. It was confirmed that the design to generate 
the steady large vortex near the suction valve is useful to 
prevent the vibration of the valve. The generating of the 
two-dimensional flow in the width direction near the 
center of the valve N-H2W1 is useful to exist the vortex 
and the vortex has the influence on the vibration 
reduction. 
Displacement of the suction valve in the r eciprocating 
compressor  for  the automotive air -conditioner  
From the results using the test model, it is found that the 
shape of the valve N-H1 has most effective to reduce the 
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vibration. To investigate the effect of the 
vibration-reduction for the valve N-H2W1 the valve is 
set in the reciprocating compressor for the automotive 
air-conditioner and the displacements of the suction 
valves are measured using the strain gauge. The results 
are shown in Figure 10.  
 
 
 
 
 
 
 
 
 
 
 
 
 

Figure 10 Amplitude and frequency of the valve  
in reciprocating compressor 

 
In order to compare it, the valves C-HW and N-H1W1 
were also investigated. The mass flow rate for the circuit 
of refrigerate is shown in a horizontal axis and the 
amplitude of the vibration is shown in a vertical axis. 
The frequency f Hz was also shown in the left or 
right-hand side of each data. Although the valve 
N-H2W1 vibrates compared with the results using the 
simplified test model, the vibration was reduced 
compared with the valves C-HW and N-H1W1. It is 
confirmed that the shape of the valve N-H2W1 is the 
most effective for the vibration-reduction. 
 

CONCLUSIONS 
 
To perform the vibration-reduction of the suction valve 
of the reciprocating compressor for the automotive 
air-conditioner, the simplified test model is designed to 
improve the conventional valve. Detailed study is 
conducted by measurement of the displacement for the 
valves using the strain gauge. And the velocity 
distributions around the suction valves without vibration 
are measured using PIV technique. Furthermore, the new 
valve is set in the reciprocating compressor for the 
automotive air-conditioner and the displacement of the 
suction valves is measured using the strain gauge. It is 
confirmed that the shape of the valve N-H2W1 is the 
most effective for the vibration-reduction. 
Summary of this paper is itemized as follows; 
1. The generating of the two-dimensional flow in the 

width direction near the center of the valve N-H2W1 is 
useful to obtain the two-dimensional vortex flow and 
the vortex has the influence on the vibration reduction 
of the valve. Moreover, the optimal size for the valve 
hole exists. 

2. Even when the natural frequencies of the valves are 

the same, we have found that the valves vibrate or do 
not vibrate according to the shape of the valve. 
Therefore, it was found that the vibration was affected 
by the three-dimensional flow. 

3. The new valve with the optimal shape obtained to 
reduce the vibration using this simplified test model 
showed good result for the case of the compressor of 
the commercial system. 

4. The pressure loss for the new valve N-H2W1 without 
the vibration was compared to the conventional valve 
C-HW with the vibration. The pressure loss of the new 
valve is small in the range of low mass flow rate. When 
the mass flow rate increases, the pressure loss of the 
conventional valve is less than that of the new valve . 
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ABSTRACT 
 
Recently, unsteady flow rate measurement of gases is very important in the various industrial fields. However, there is no way 
to calibrate and to examine the unsteady flow rate of gases experimentally. As a result, there is no test bench for the unsteady 
flow rate measurement of gases. 
In this paper, we developed a new type of unsteady flow generator for gases. Especially, we realized to generate the unsteady 
flow of gases continuously. Then, we verified experimentally the generated unsteady flow rate using a laminar flow meter 
that has quick response up to 50[Hz]. Moreover, we investigated the heat transfer in the generator. As a result, we confirmed 
that this generator could generate the oscillatory flow up to the frequency of 30[Hz], and the target flow continuously for 30 
minutes. The generator is effective for the verification of the various unsteady phenomena of gases experimentally. 
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NOMENCLATURE 
 
a : Amplitude ratio of flow rate (=Qamp/Qave) [-] 
b: Critical pressure ratio   [-] 
CP: Specific heat at constant pressure  [kJ/kg・K] 
CV: Specific heat at constant volume  [kJ/kg・K] 
f: Frequency       [Hz] 
fd: Time constant    [s] 
h: Heat transfer coefficient  [W/(m2・K)] 

G: Mass flow rate      [kg/s] 
KG: Gain of flow rate   [kg/(s・mm2)] 
Kp: Proportional gain of pressure   [-] 
Kdp: Proportional gain of pressure differentiate [-] 
k: Coefficient of flow rate converter    [m3/kg]   
P: Pressure       [Pa] 
Pa: Atmospheric pressure      [Pa] 
Pref: Target of pressure      [Pa] 
P : Differentiated value of pressure    [Pa/s] 



Q: Volumetric flow rate at standard condition   [m3/s] 
Qamp: Amplitude flow rate of oscillatory flow   [m3/s] 
Qave: Average flow rate of oscillatory flow    [m3/s] 
Qref: Reference of Generated oscillatory flow   [m3/s] 
q: Heat transfer rate       [W] 
R: Gas constant number   [J/(kg・K)] 
Se: Effective area       [m2] 
t: Time     [s] 
Tp: Integral action time of pressure  [-] 
Tdp: Integral action time of pressure differentiate [-] 
u: Input voltage to the servo valve     [V] 
V: Volume of the chamber      [m3] 
W: Mass of air in the chamber      [kg] 
κ: Specific heat ratio    [-] 
θ: Temperature of gas      [K] 
θa: Room temperature      [K] 
ρ: Density of air      [kg/m3] 
 
Subscripts 
c: chamber 
e: control volume 
in: inlet 
out: outlet 
s: supply 
 
 

INTRODUCTION 
 
Recently, unsteady flow rate measurement of gases is 
very important in the various industrial fields. Especially, 
it has been increased the importance to control the gas 
flow rate for the fuel cell and the semiconductor 
fabrication equipment, to control the expired and inspired 
gas for the medical treatment, and to measure the 
pulsated flow of the pump. However, there is no way to 
calibrate and to examine the unsteady flow rate of gases 
experimentally. As a result, there is no test bench for the 
unsteady flow rate measurement of gases. 
In this paper, we developed a new type of unsteady flow 
generator for gases using an isothermal chamber and two 
spool type servo valves. Especially, we realized to 
generate the unsteady flow of gases continuously for 30 
minutes. Then, we verified experimentally the generated 
unsteady flow rate using a laminar flow meter that has 
quick response up to 50[Hz] [3]. Moreover, we 

investigated the heat transfer in the generator. As a result, 
it could be seen that there is no influence of the 
temperature change in the chamber. And it is shown that 
the generator is effective for the verification of the 
various unsteady phenomena of gases experimentally. 
 
 
CONTINUOUS UNSTEADY FLOW GENERATOR 
 
Principle 
The unsteady flow generator in the former research [2] 
has the limitation of the generating time. In this research, 
we realized to generate the unsteady flow continuously. 
We adopted the method that the charging and the 
discharging in the isothermal chamber are synchronal. 
Here, the state equation for compressible fluids in a 
chamber can be written as  

θRWPV =                (1) 

The following equation can be derived by differentiating 
Eq.(1), if the chamber volume is constant. 

( )
dt
θdWRθRGG

td
Pd

V outin
c +−=      (2) 

If the state of air in the chamber during charge or 
discharge remains isothermal, the volumetric flow rate 
can be obtained from Eq.(2).  

dt
dP

θR
VkQkGQ c

a
inoutout −==          (3) 

As the condition is isothermal, the average temperature in 
the chamber is equal to the room temperature. It is clear 
from Eq.(3) that if the volume of the chamber V and the 
room temperature aθ are known, the instantaneous 
volumetric flow rate can be obtained from the pressure 
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Fig.1 Schematic diagram of mass flow rate while 
charging and discharging from an isothermal chamber 



response and the inlet volumetric flow rate. The flow rate 
through a pneumatic valve is represented in the following 
two formulas [4]. The case of choked flow is given by,  

a
se θ

PSQ 2731.11=             (4) 

The case of non-choked flow is given by,  
2273

11.1 1
1

a c
e c

a

P P b
Q S P

bθ

−
= −

−
⎛ ⎞
⎜ ⎟
⎝ ⎠

   (5) 

where b is the critical pressure ratio. In the choked flow, 
the pressure response equations in the chamber, which 
can be derived from Eqs.(2), (3) and (4), are provided 
below when we assume the supply pressure is Ps and 
downstream pressure is the pressure in the chamber. 
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Fig.2 Apparatus of a continuous flow generator 
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Fig.3 Photograph of a continuous flow generator 
 
 
 

In the case of non-choked flow, the critical pressure ratio 
b and the uncertainly of the pressure and the temperature 
in the chamber are important factors in this generator.  
Generally, the unsteady flow can be generated using the 
servo valve with choked flow. However, there is a 
problem of changing the temperature in the chamber. 
Therefore, the former research [2] has been reported that 
the measured sinusoidal flow rate has error on the gain 
and the phase. In this paper, we controlled the inlet mass 
flow rate using a servo valve. And the generated unsteady 
flow rate using this system is controlled using a servo 
valve at the downstream side. 
 
Apparatus 
The developed continuous flow generator is shown in 
Fig.2 and the photograph of it is shown in Fig.3. The 
apparatus consists of an isothermal chamber, two spool 
type servo valves, two pressure sensors, an AD converter, 
a DA converter and a personal computer. The servo valve 
has a dynamic response of about 100[Hz]. The pressure 
sensor was a semiconductor type with a resolution of 
50[Pa]. The servo valve 1 controls the charged flow rate 
to the isothermal chamber, and the servo valve 2 controls 
the generated unsteady flow from the chamber. The AD 
converter is used to obtain the supply pressure, the 
pressure in the chamber and the measured flow rate using 
the laminar flow meter. The internal volume of the 
isothermal chamber is 2.0×10-4 [m3].  
 
Control method 
We controlled the absolute pressure in the isothermal 
chamber to be the choked flow at the servo valve 1 and 
the non-choked flow at the servo valve 2. The supply 
pressure was set up at 600[kPa] and the pressure in the 
isothermal chamber was about 180[kPa]. Therefore, the 
pressure ratio is about 0.3. We confirmed that the choked 
condition is realized at the servo valve 1, because the 
critical pressure ratio of this valve was about 0.35. The 
manipulated value by the servo valve 1 is the average 
value of the generated flow rate. Fig.4 shows the block 
diagram of the continuous flow generator. At first, we 
calculated the reference flow rate using Eq.(3). The 
control signal to the servo valve is estimated as G/(KGSe). 
This value is given as a feed-forward element to the 
system. And two PI controllers were adopted for the  
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Fig.4 Block diagram of a continuous flow generator 
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Fig.5 Pressure loss through the isothermal chamber 
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Fig.6 Control volume in the chamber 

 
pressure control in the isothermal chamber. Therefore, 
this flow generator can generate the unsteady flow rate 
continuously, calculating the pressure change in the 
isothermal chamber and the charged flow rate through the 
servo valve 1. And the input voltage of servo valve 2 can 
be written as follows. 
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SPECIFICATION 
 
Pressure distribution 
In this system, the isothermal chamber that was set up in 
the line was a resistant component. We measured the 
pressure loss of the chamber, when the flow rate is 
constant. Fig.5 shows the experimental results of the 
pressure loss through the isothermal chamber. The 
symbol “○” is  the results when the pressure in the 
chamber was 180[kPa] and the symbol “△” is that of 
300[kPa]. From this figure, if the generated volumetric 
flow rate is about 8.0×10-4 [m3/s], the pressure loss 
through the isothermal chamber is about 800[Pa]. As a 
result, the measured error of the pressure in the chamber 
has a maximum of 0.44[%]. Therefore, the pressure loss 
through the chamber was very small, and there was no 
influence in pressure measurement of the chamber. In 
addition, the pressure in the isothermal chamber was 
measured at the both side of cylindrical chamber and 
confirmed that the pressure distribution in the chamber 
was negligible small, when the unsteady flow was 
generated. 
 
Temperature change 
In this generator, it is very important to know the 
influence of changes in air temperature on the accuracy 
of it. However, it is very difficult to measure temperature 
change of air in the chamber rapidly. Therefore, we 
confirmed the temperature change in the normal chamber 
and the isothermal chamber theoretically while 
generating the sinusoidal flow, considering the energy 
change of air in the chamber. 
Fig.6 shows the RC circuit of the continuous unsteady 
flow generator. The state equation for compressible fluids 
in the chamber is given by as follows using the spatial 
average density of air. 

ccc θRρP =                  (7) 

Pressure change ratio in the chamber is, 

G
V
θR

dt
θdRρ

dt
dP aa

c
c +=          (8) 

As Eq.(8), the pressure change in the chamber is obtained 
from the mass flow rate and the average air temperature 
change in the chamber. Considering the energy change of 
air in the chamber, energy equation is expressed as 



follows.  

qG
ρ
PθCGdVθρC

dt
d

e

c
eVV acV ++=∫     (9) 

where eθ and eρ  are temperature and density of air 
across the control volume respectively.  
In the case of G < 0, discharging air temperature across 
the control volume is equal to spatial average temperature 
in the chamber. And based on the Newton’s law of 
cooling the heat transfer rate q is written as,  

( )cah θθShq −=              (10) 

Finally, while discharging from the chamber, the spatial 
average temperature change can be obtained as follows. 

( )cahcout
c

V θθShθRG
dt
θdWC −+=      (11) 

In the case of G > 0, the air temperature across the control 
volume eθ is thought to be different from former case. 
Through the restriction, the air temperature approaches to 
the atmospheric temperature, the energy equation (9) can 
be transformed as,  

qG
ρ
PθCGdVθρC

dt
d

in
ca

c
aVinV acV ++=∫    (12) 

Using the Eq.(7) and Eq.(10), the spatial average 
temperature change in the chamber can be written as, 

( )
( )cahina

caVin
c

V

θθShGθR

θθCG
dt
θdWC

−++

−=
      (13) 

Comparing the Eq.(13) with Eq.(11) which is discharged 
case, Eq.(13) has additional term. 
Based on the above mentioned, the pressure changes in 
the chamber while charging and discharging can be 
obtained as follows.  

( )

( ){ }coutapin

cah
c

θRGκθCκG
V

θθSh
V
κ

dt
dP

−−+

−
−

=

11

1

    (14) 

And the spatial temperature change in the chamber can be 
written as follows from Eq.(11) and Eq.(13). 

( ) qθRGθCθCG
dt
θdWC coutcVaPin

c
V +−−=   (15) 

Here, we considered the case that the oscillatory flow is 
set at ( )tfπ2sin105.2100.5 44 −− ×+×  [m3/s] and h is 
20[W/(m2･k)], Sh of the normal chamber is 199.25[cm2], 
Sh of the isothermal chamber is 7155[cm2]. Fig.7 shows 
the simulation results of the pressure and the temperature 
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Fig.7 Pressure and temperature change in the isothermal 

chamber when the oscillatory flow was generated 
 
changes in the normal chamber and the isothermal 
chamber. As a result, the magnitude of the temperature 
changes is about 8[K] using the normal chamber. On the 
other hand, the magnitude of it is about 1.5[K] using the 
isothermal chamber. Therefore, it could be confirmed that 
there is no influence of the temperature changes in the 
chamber. 
 
Uncertainty 
The error for the pressure sensor is 0.5[%]. The error due 
to the change in the pressure of the chamber is a 
maximum of 2[%]. The temperature measurement error 
is a maximum of 2[K]. The error of the chamber volume 
measurement error is 1[%]. The error of the inlet 
volumetric flow rate is a maximum of 3[%]. As a result, 
the generated flow rate has a maximum of 5.1[%]. 
Therefore, this generator has sufficient accuracy for the 
practical use. 
 

EXPERIMENTAL RESULTS 
 
Fig.8 shows the experimental results when the generated 
flow rate was set at ( )tfπ2sin105.2100.5 44 −− ×+×  
[m3/s] and the frequency 0.1[Hz]. From the figure, the 
target flow rate and the generated flow rate show good 
agreement. Also, the measured flow rate using the 
laminar flow meter and the generated flow rate show 



good agreement. And we generated the flow for 30 
minutes continuously and confirmed its effectiveness. 
Fig.9 shows the experimental results at the frequency of 
1[Hz]. Fig.10 shows the experimental results at the 
frequency of 30[Hz]. From these results, it could be 
confirmed that the target flow rate and the generated flow 
rate show good agreement. On the other hand, it can be 
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Fig.8 Generated oscillatory flow at 0.1[Hz] 
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Fig.9 Generated oscillatory flow at 1[Hz] 
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Fig.10 Generated oscillatory flow at 30[Hz] 

seen that there is a difference between the generated flow 
rate and the measured flow rate using the laminar flow 
meter, when the frequency is 30[Hz]. This is because of 
the characteristics of the laminar flow meter [3]. 
 
 

CONCLUSIONS 
 
In this research, a continuous flow generator for gases 
was developed. Then, the performance of the generator 
was evaluated experimentally using a laminar flow. As a 
result, we confirmed that this generator could generate 
the oscillatory flow up to the frequency of 30[Hz]. 
Moreover, the uncertainty due to temperature change in 
the chamber was investigated theoretically. Finally, we 
confirmed that the generator could generate the target 
flow continuously for 30 minutes. 
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ABSTRACT 
 

The Lab. simulator for conducting a performance test and a reliability test on a vehicle and components has been 
designed and embodied. In order to control non-linear of a vehicle, a fuzzy control algorithm, a running mode tracking 
algorithm and a vehicle speed control algorithm were applied to the actuator control. The vehicle controller functions 
were implemented; setup of the actuator, position control, the gear shift control depending upon the vehicle RPM, the 
serial interface function for data communication and control with the servo controller, and transmitting and receiving 
data. The servo controller performed the function to drive the actuator by controlling the pneumatic servo valve, and 
measured data information such as a position, a velocity and an acceleration as obtained through operation by means of 
the second differentiator and controlled a position precisely. An experimental apparatus was consisted of a 
dynamometer and a vehicle, and the performance and durability of the controller was verified. The Lab. simulator was 
mounted onto the vehicle, and the position control test and a LAP mode tracking test were conducted. It was found that 
the response characteristic, the tracking capability and precision of the position control were so excellent. 
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NOMENCLATURE 
 

u   : Output Feedback Control Input 

pK
 : Position Control Gain  

vK  : Speed Control Gain 

aK   : Acceleration Control Gain 

dx   : Object Position Input 
x    : Position Output of Actuator Load Mass 

x&    : Speed Output of Actuator Load Mass 
x&&    : Acceleration Output of Actuator Load Mass 
e     : Position Error 
 

  
INTRODUCTION 

 
The Technologies used in a vehicle control simulator 
can be categorized into a servo actuator control 
technology, a fractional technology of the computer 



interface technology, a vehicle control technology and a 
vehicle-related test system technology pertaining to the 
system integration technology[1]. The Lab. simulator 
(comprising a vehicle controller and a servo controller) 
for conducting a performance test and a reliability test 
on a vehicle and components has been designed and 
embodied. In order to control non-linear characteristics 
of a vehicle, a fuzzy control algorithm, a running mode 
tracking algorithm and a vehicle speed control 
algorithm were applied to it[2]. The Lab. simulator 
comprised a vehicle controller having functions for 
controlling, obtaining data, receiving vehicle 
information and processing control signals, a servo 
controller for controlling an actuator and processing 
data, a second differentiator for producing a position, a 
velocity and an acceleration and a serial interface 
converter[3].  
An experimental apparatus was consisted of a chassis 
dynamometer and a vehicle of 1500cc displacement, 
and the performance and durability of the controller was 
verified. The Lab. simulator was mounted onto the 
vehicle, and a basic control characteristic test and a LAP 
mode tracking test were conducted[4]. As a result, it 
was found that the response characteristic, the tracking 
capability and precision of the position control were so 
excellent that it would be possible to use it as a vehicle 
controller. It is thought that the Lab. simulator for 
controlling a vehicle will be greatly applicable to the 
whole industry related to vehicle technology as well as 
the auto pilot system, including development and test of 
a test system to which it is applied, particularly, the 
mileage accumulator test, the exhaust gas measurement 
test, the fuel consumption test, the environment test, the 
noise measurement test and so on. 
  

DESIGN OF LAB. SIMULATOR 
 

Design of Control Algorithm 
The Lab. simulator was designed by means of the fuzzy 
control algorithm for the vehicle controller, the position 
and load control algorithm for the servo controller and 
the interface software. The vehicle controller was 
designed so that it could be received a vehicle speed 
from the running mode and the control software, 
produce a displacement of the actuator according to the 
situation and further transmit it to the servo controller. 
The servo controller controlled a position and a load of 
the actuator, and it was designed so that it could be 
received an instruction value from the actuator of the 
vehicle control system and control feedback. Such 
designed servo control algorithm enables feedback of a 
position and a velocity and an acceleration as obtained 
by differentiating it. In order to implement fast response, 
high precise position control, tracking control 
performance, the position and load control algorithm, 
the speed control algorithm and the tracking control 
algorithm were applied to the actuator control.  

The structure of the servo control algorithm is as shown 
in Figure 1, and the control input for consist of the 
controller is as in Eq. (1).  
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Figure 1 Block diagram of servo control algorithm 
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Figure 2 Control block diagram for implementation of 
the software 
 



The vehicle control software for the Lab. simulator was 
designed so that it could be had the following functions: 
manipulation and renewal of system parameters, 
revision of controller information, real-time system 
monitoring, download of the running mode file, and 
saving and output of experimental results. It was 
designed in consideration of convenience and flexibility 
for the use so that if any vehicle information is changed, 
the controller information might be revised only by 
manipulating control parameters. Figure 2 is a control 
block diagram for implementation of the software. 
 
Design of Controller  
The vehicle controller was designed by means of the 
i386EX CPU board, and the servo controller was 
designed by means of the 80C196 CPU board[5][6]. 
Figure 3 shows a data linkage diagram of the vehicle 
control system comprising the vehicle controller, the 
servo controller, the actuator and the sensor. Through 
the vehicle controller, the following functions were 
implemented; setup of the actuator, position control, the 
gear shift control depending upon the vehicle RPM, the 
serial interface function for data communication and 
control with the servo controller, and transmitting and 
receiving data. The servo controller performed the 
function to drive the actuator by controlling the 
pneumatic servo valve, and measured data information 
such as a position, a velocity and an acceleration as 
obtained through operation by means of the second 
differentiator and controlled a position precisely.  
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Figure 3 data linkage diagram of the vehicle control 
system 
 
The serial interface converter(RS232/RS485) performed 
the bidirectional communication function to transmit an 
instruction on position and selection of the actuator 
from the vehicle controller to the servo controller and 
transmit the actuator status depending upon a position 
value to the vehicle controller[7]. The second 
differentiator, which was an analog circuit using an 

operational amplifier, produced a position, a velocity 
and an acceleration in consideration of driving 
characteristics of the actuator and performed the 
function to enhance the control performance by 
reducing a load to process data in place of the numerical 
operational function of the servo controller. Figure 4 is 
an image of the Lab. simulator comprising the vehicle 
controller of i386EX board and the servo controller of 
80C196 board.  
 
 

 
 
Figure 4 Image of the vehicle controller and the servo 
controller 
 

EXPERIMENTS AND RESULTS 
 
An experiment was conducted to verify the performance 
and the position control characteristic of the Lab. 
simulator for controlling a vehicle, which comprised the 
vehicle controller, the servo controller, the actuator and 
the sensor as shown in Figure 5.  
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Figure 5 Schematic of Lab. simulator apparatus 
 
The Lab. simulator was applied to the vehicle control 
system and then a position control experiment was 
conducted. Since the gear shift actuator requires the 
point-to-point position control, a step response 
experiment was conducted as illustrated in Figure 6. 
And, since the acceleration pedal actuator and the clutch 



pedal actuator had to tracking in process of time, each 
tracking control experiment in response to each input of 
the 0.25 Hz and 1Hz of the lamp wave and the sine 
wave was conducted as illustrated in Figure 7 and 
Figure 8. The Lab. simulator satisfied the target 
specification that any error of its performance and 
position control precision should be within ±1mm, and 
its excellent tracking capability was verified.  
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Figure 6 Result of step response test 
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(a) Tracking test of ramp wave signal 
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(b) Tracking test of sine wave signal 

Figure 7 Results of tracking test at input of 0.25Hz  
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(b) Tracking test to sine wave signal 

Figure 8 Results of tracking test at input of 1Hz 
 
The vehicle control test was conducted in the running 
mode, and each result of the tracking control test as 
conducted in the JPN1015 LAP mode and the CVS test 
mode was described in Figure 9 and Figure 10. In the 
JPN1015 LAP mode, the said test was repeatedly and 
periodically conducted 10 times every 200 seconds, 
while in the CVS test mode, it was repeatedly and 
periodically conducted 10 times every 900 seconds. As 
a result of conducting the test, it could be verified that it 
was excellent in the tracking performance, durability 
and stability.  
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Figure 9 Result of tracking test at JPN1015 LAP mode 
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Figure 10 Result of tracking test at CVS test mode 
 

CONCLUSIONS 
 
The Lab. simulator comprising the vehicle controller 
and the servo controller was designed and embodied, 
and it was installed in an actual vehicle. Then, its 
performance and control characteristic experiment was 
conducted. The results of such experiment could be 
summarized as follows:  
1) The step response experiment, the triangular wave 
and sine wave experiment and the LAP mode tracking 
test were conducted by using the Lab. simulator which 
was designed and embodied as above described, and as 
a result, its tracking capability and position control 
precision satisfied the target specification. And, it was 
verified that it was applicable to the vehicle test.  
2) The vehicle controller and the servo controller were 
applied to the vehicle control system, and then a test 
was conducted. As a result, its repeatability, precision, 
control characteristic and stability were excellent.  
3) It is thought that the Lab. simulator for controlling a 
vehicle will be greatly applicable to the whole industry 
related to vehicle technology as well as the auto pilot 
system, including development and test of a test system 
to which it is applied, particularly, the mileage 
accumulator test, the exhaust gas measurement test, the 
fuel consumption test, the environment test, the noise 
measurement test and so on.  
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ABSTRACT 
 

Pneumatic cylinders can not usually retain steady motion when a low speed is required because of the stick-slip effect. 
Stick-slip is a kind of motion in which the piston stops its motion intermittently because of the friction force. In this 
paper a neural network (NN) classifier is set up as a new method to predict the occurrence of stick-slip by different 
dynamic working parameters. 
The classifier is made of an NN, and the training samples come from the simulation. It classifies different working 
conditions into two groups: stick-slip will occur and stick-slip won’t occur, without concerning the process and the 
model. The NN is based on a back-propagation (BP) neural network. The input variables may be single variables of the 
dynamic working parameters or the combinations of them and the output variables are the two groups. 
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 INTRODUCTION 
  

Pneumatic cylinders play a key role in pneumatic 
systems. They transform the energy of compressed air 
into mechanical energy. The steady motion of pneumatic 
cylinders directly affect whether the driving system 
works regularly, therefore it is necessary to estimate the 
occurrence of stick-slip in pneumatic cylinders.  
The structure of the pneumatic system is illustrated in 
Figure 1. It is a meter out circuit. The system is 
composed of the following parts: air source, a 
directional control valve, one meter-out speed control 
valve, a pneumatic cylinder and load mass. In this paper, 
we just consider the push out process of the cylinder. 
 

 
 

Figure 1  Pneumatic driving system by meter out 
circuit 

 



 

We use 20-sim and bond graph as the modeling and 
simulation tool in our work [1,2]. 
The criterion of the occurrence of stick-slip in the 
pneumatic cylinder is whether the piston velocity 
reaches 0. Since the stick-slip motion has a correlation 
with many potential pneumatic conditions such as 
friction forces, air source pressure, lubrication condition, 
temperature, system stiffness, it is difficult to build a 
comprehensive fundamental stick-slip model. A black 
box model, NN is used to classify whether stick-slip 
motion will occur or not under certain working 
parameter settings. With this method, input and output 
variables can be related without any knowledge or 
assumptions about the mathematical representation. 
Many experiments and simulations on pneumatic 
cylinders have been done before and are found in good 
accordance, so that  simulation can make an excellent 
data set for use with NN as training samples. 
Of the many possible NNs, BP is one of the most 
commonly used NN architectures for classification. In 
this study, BP is used to classify whether the stick-slip 
motion will occur or not. The performance of the BP 
network is affected by the architecture and parameter 
settings of the network [3]. Users must therefore 
determine the required numbers of optimal layers, 
neurons in the hidden layers, weights of the NN and 
bias of the neurons. However, there has been no clearly 
defined theory for calculating the ideal parameter 
settings, and even slight parameters’ changes can cause 
major variations in the behaviors of almost all networks 
[4]. In this study, in order to optimize the architecture of 
NN, continuous genetic algorithm is employed to 
determine the weights and bias. 

 
1. NN INCORPORATING GENETIC 

ALGORITHMS IN STICK-SLIP 
PREDICTION 

 
The architecture of NN has considerable influence on 
their performance. For multi-layered BP, the first thing 
is to decide the number of layers. The architecture of 
three or four layers is commonly used. There is also a 
two-layered architecture whose input layer is connected 
with the output layer directly. This architecture is used 
only when the input model is similar to the output 
model. Otherwise if the input model is different from 
the output model, hidden layers should be added 
between them to transmit the information which can 
make the nonlinear classification problem in the input 
space be transformed into linear classification in the 
hidden space. The more hidden layers are in the NN the 
more effect on the information transmission. However it 
is not the more hidden layers the better NN. There are 
two reasons. The first reason is that as the increasing of 
the number of hidden layers it brings increasing 
computation of the error’s back propagation, and the 

training time increases sharp. The second reason is that 
as the increasing of the number of hidden layers local 
minimal error increases. It is easy to be lost in the local 
minimal value during the training process. 
Based on the above analysis a three-layered architecture 
with one input layer, one hidden layer and one output 
layer is chosen in this study. The number of neurons in 
the input layer, hidden layer and output layer are set at 4, 
3(4, 5, 6, 7), and 1, respectively [5]. These numbers of 
neurons in the hidden layer nh is set by Eq. 1. 
 

( )h i on sqrt n n n= + +
       (1)  

 
ni is the number of neurons in the input layer; no is the 
number of neurons in the output layer; n is an integer 
and its range is 0~7. The architecture of the NN is 
shown in Figure 2. 
 

 
 

Figure 2 Architecture of the neural network 
In the input layer, each neuron corresponds to a working 
parameter. In the hidden layer and the output layer each 
neuron’s output is calculated using Eq. (2).  
 

1 1 2 2 n n inet x x x biasω ω ω= + + + +     (2) 
 
Usually a neuron’s output is modified by the transfer 
function. The sigmoid function as shown in Eq. (3) is 
used for this transfer function.  
 

( ) 1.0
1.0 netf net

e−=
+            (3) 

 
Here xi is the value of the input variable, ωi is the 
connection weight between the input and hidden 
neurons and between the hidden and output neurons, 
biasi is bias term for the hidden and output neurons, 
respectively. 
In Fig.1, a classifier is used to classify the output of the 
NN into two types:  
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Here Y=1 means the stick-slip motion will occur, 
otherwise won’t occur, x represents the output of the 

 



 

output layer. 
 

2. OPTIMIZING NN’S PARAMETERS BY 
USING GENETIC ALGORITHMS 

 
A continuous genetic algorism application process for 
optimizing the parameters (the weights and the biases) 
of NN is used. This will avoid being lost in the local 
minimal value during the searching process. The 
continuous GA has the advantage of requiring less 
storage than the binary GA because a single 
floating-point number represents the variable instead of 
N bits binary number. The continuous GA is also 
inherently faster than the binary GA, because the 
chromosomes do not have to be decoded prior to the 
evaluation of the cost function [6]. 
The momentum of the chromosomes has a lower bound 
of 0 and an upper bound of 1. The number of 
chromosomes (population size) and the number of 
generations are set to 100 respectively. Every 
chromosome in a generation evolves into new 
chromosomes for 100 generations unless the break 
condition is satisfied. 
The flow chart of the NN classifier can be expressed in 
Figure 3. 
 
 

 
 

Figure 3 The flow chart of the NN classifier 
 
It is reasonable to express a continuous variable by a 
float-point number, so the m chromosomes with n 
vectors can be expressed as a matrix named A with m 
rows and n columns. aij is the jth variables of the ith 
chromosome. 
The basic algorithms in continuous variables GA can be 
expressed as follows: 
 

2.1. CROSS-OVER 
 
Choose the kth and the lth chromosomes in the m 
chromosomes group stochastically. The cross-over is 
realized through Eq. (5) and Eq. (6): 

 
akj is variable of the kth chromosomes 

Chiasma⎯⎯⎯⎯→  
' (1 ) ( 1 ~ )kj kj j j lja a a j nβ β= − + =       (5) 

 
alj is variable of the lth chromosomes 

Chiasma⎯⎯⎯⎯→  
' (1 ) ( 1 ~ )lj lj j j kja a a j nβ β= − + =      (6) 

 
Here 0<βj<1 is the cross-over parameter, and akj’ and 
alj’ present the new values after cross-over. Since 
cross-over is the information exchange of the 
chromosomes, the sum of the variables in the cross-over 
chromosomes keeps the same value as shown in Eq. (7): 
 

' ' ( 1 ~kj lj kj lja a a a j n+ = + = )

.5

1

       (7) 
 

Different from the scattered variables’ cross-over, the 
continuous variables’ cross-over exchange every 
variable in the chromosome. It is similar to the n section 
exchange in binary variables’ cross-over which will 
enrich the exchange information. 

 
2.2. MUTATION 

 
Choose m variables in the chromosome group, and 
choose 0<ξ, η<1 stochastically, operate the mutation 
according to Eq. (8): 
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      (8) 

 

Here aj and ja
−

is the lower limit and the upper limit of 
the jth variable, aij’ is the new value after mutation. The 
mutation variables get increased when 0<ξ≤0.5 and 
decreased when 0.5<ξ<1. And the extent is controlled 
by η.  
Generalize the continuous GA’s step as follows: 
1) Build the initial chromosome group as mother 

generation, named as array A.  The row number is 
m, which will affect the searching result. In this 
study, m is set to 100. 

2) Extend the chromosome group to 2 times. m 
variables are chosen from the 2m variables to do 
cross-over stochastically. n variables are chosen to 
do mutation stochastically. n is 1% of the whole 
variables. 

3) Connect the original array and the new array after 
mutation, which is 3 times extension of the 
original array. Calculate the NN output and error. 

 



 

Choose the variables corresponding to the m least 
errors as the new mother generation. 

4) Finish propagates. There are 3 conditions to break 
the evolutional cycle. Firstly, when the error gets 0 
the cycle will break. Secondly, if it has reached 
100 generations the cycle will break. Thirdly, if the 
NN output error hasn’t improved for more than 10 
generations, the cycle will break and return the 
optimal value. Otherwise return to step 2. 

The continuous variables genetic algorism shown in the 
Figure 3 is expressed in Figure 4. 
 
 

 
 

Figure 4 The continuous variables genetic algorism 
 

3. SAMPLE PREPARATION 
 

Stick-slip is a kind of motion in which a body stops its 
motion momentarily or definitively because of the 
action of friction force. The friction force depends on a 
number of factors, such as lubrication condition, the 
velocity of pneumatic cylinders and the load mass. In 
order to derive how the parameters affect the stick-slip, 
the model of a pneumatic system by meter out circuit is 
built by using bond graph method. Simulations are 
carried out with different working parameters such as 
the friction characteristics, the effective area of the 
outlet speed control valve and load mass [1]. The 
training samples used in the NN come from the 
simulations of the stick-slip in pneumatic system. 
Simulations are carried out by running multiple 
simulations with parameter sweep. 
Through the simulations under different working 
parameters, stick-slip will occur or not. It can be seen 
that the different working parameters such as friction 
characteristics, the effective area of the outlet speed 
control valve and load mass have some nonlinear 
relations with stick-slip occurrence in pneumatic 
cylinders. The working parameters or their combinations 
can be set as the input parameters of input layer of the 
NN. Whether the stick-slip will occur is set as the output 
of output layer of the NN. To realized this, a new 
variable Y is set as the output to express the state of 
stick-slip. If the stick-slip occurs, Y=1; otherwise, Y=0. 
In this study, four input variables: the effective area of 

the outlet speed control valve Sed, load mass M , the 
maximum static friction force Fs and coulomb friction 
force Fc are set as the input of NN, so that there are 
totally four neurons in the input layer. If more working 
parameters or their combinations are expected, the 
neurons in the input layer should be increased, and the 
neurons in the hidden layer should also be changed 
accordingly. 
100 training samples are used to train the NN. 40 test 
samples are used to test the training result. They both 
come from the simulation of stick-slip. Table 1 shows 
part of the samples of the parameters extracted from the  
simulation results. 
 
 

Table 1  Extracted parameters 
 

 Sed(m2) M(kg) Fs(N) Fc(N) Y 
1 1.0e-8 8 18 13 0 
2 1.0e-8 20 28 7 1 
3 1.5e-8 12 24 16 0 
4 2.0e-8 20 36 10 1 
5 4.0e-8 40 36 10 0 

 
 
Parameters dimension in the first column of table 1 Sed 
is much smaller than the others. The weights and the 
biases of the network are extracted from a generation’s 
array of stochastic numbers whose elements are 
uniformly distributed in the interval (0, 1). Then the 
effect brought by Sed will be much less than the other 
parameters, which will decrease the precision of the 
output or lead to the float of the optimize value. Hence 
the samples should be preprocessed by normalizing the 
inputs and outputs so that they have means of 0 and 
standard deviations of 1 before training. 
 

4. TRAINING RESULT 
 

The training process for the NN classifier to predict the 
occurrence of the stick-slip is carried out when the 
number of neurons in hidden layer is 3, 4, 5, 6 and 7 
respectively. The result shows that when there are 3 
neurons in the hidden layer optimal result can be found 
with the least time. The optimal architecture of NN is 
build by one hidden layer with 3 neurons. The NN’s 
parameters which are trained by the optimal architecture 
are used to test the 40 test samples. Figure 5 shows the 
test result of the NN classifier. 

 



 

 
 

Figure 5 The result of the classifier 
In Figure 5, x1 axis and y1 axis represents two 
dimensionless values calculated through the model of 
pneumatic system, which is presented in reference [7]. 
The curve in Figure 5 is the criterion curve which 
separates the whole area into stick-slip region and non 
stick-slip region. Test samples are marked in Figure 5. It 
shows that most test samples located in the right region. 
The error rate of the classifier is less than 4%. 

 
CONCLUSION 

 
A classifier made of the NN based on continuous GA is 
realized to predict the occurrence of stick-slip in a 
pneumatic cylinder. Continuous GA ensures the 
precision of the classifier. To complete the training 
process, simulations are carried out with different 
working parameters to acquire the training and test 
samples. The prediction results of the classifier are in 
agreement with former analytical solution. The error 
rate of the classifier is acceptable. 
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ABSTRACT 
 
Compressible flows between two parallel disks are frequently encountered in fluid power components such as 
pneumatic statistical bearings, pneumatic nozzle-flapper valves and pneumatic valves. Such flows are difficult to solve 
theoretically because both viscous and compressible effects exist. In the present study, a theory is developed to predict 
the flow characteristics, assuming that the flow is one dimensional and steady. Experiments are performed, and their 
results agree fairly well with theoretical results. 
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NOMENCLATURE 
  

Subscript A : flow sectional area=2πrh 
e : outer edge of the gap b : critical pressure ratio 
i : inner edge of the gap cp : specific heat at constant pressure 
0 : upstream condition di : valve seat hole diameter=2ri 
* : condition at the choked flow f : friction factor=0.0026 
 h : gap clearance 

INTRODUCTION k : specific heat ratio=1.40 
 LL : lap length (see Figure 1) 
Flows between two parallel disks are frequently seen in 
fluid power components such as statistical bearings, 
nozzle-flapper valves and seat valves. Although many 
theoretical papers [1] have been published for 
incompressible flows, those related to compressible 
flows are not so many, because for such flows both 
viscous and compressible effects should be taken into 
consideration. 

M : Mach number 
p : absolute pressure 
R : gas constant=287 J/(kg.K) 
r : radial coordinate 
T0  : stagnation temperature, constant for an adiabatic 
flow 
T : absolute temperature 
V : mean velocity at a section 

Mori [2] analyzed an unstable phenomenon named 
whirl which occurs in a gas bearing. Ogami [3] 

w : mass flow rate 
ρ : fluid density 

  



and analyzed a one-dimensional viscous compressible flow 
by numerical method. Kamiyama and Yamamoto [4] 
numerically investigated a compressible flow in 
aerostatic journal bearing. Kobayashi [5] investigated 
the stability of gas-lubricated journal bearings 
experimentally and numerically. 
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In the present study, the authors assumed the flow 
between two parallel disks to be one-dimensional and 
steady and developed a theory to solve the flow. 
Experiments were performed, and the comparison 
between theoretical and experimental results showed 
that the theory can predict the flow characteristics.  

 
Generally speaking, Eq.(8) may be difficult to be 
solved. Friction factor f, however, has normally a small 
value and the effect of M2 in the first term in the 
parenthesis on the right-hand side will be small. 
Accordingly, assuming that M2 is constant,   
 THEORY ( ) const22222 =+=≈ eiav MMMM  (9)  

The flow between two disks as shown in Figure 1 is to 
be analyzed [6]. 

 
Then, Eq.(8) can be integrated from ri to re to obtain 
the following: The equation of state for an ideal fluid is 
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  p=ρRT (1) 
 
Mach number is 
 
  M2=V2/(kRT) (2) 

 
where 

  
The energy equation for adiabatic flow is 
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The continuity equation is 
 
  w=AρV=2πrhρV (4) 
 
Applying the equation of motion for steady flow in the 
radial direction, we have 
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where τ is the wall shear stress and dAw is the wetted 
area on which τ  is exerted. 
Provided that the friction losses between two disks are 
similar to those in a circular tube, friction factor f is 
defined by  

 
Figure 1 Flow between two parallel disks 
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Differentiating Eqs.(1), (2), (3) and (4), and combining 
these equations, Eqs.(5) and (6), we finally obtain the 
following: 
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Choked flow rate w* is Outward flow  
Integrating Eq.(7), we get  
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 (13)  
When Mach number Mi at the inner end is unity, 
Eq.(10) is rearranged as 
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where Mec is the Mach number at the outer end 
corresponding to Mi=1.  Substituting the value of Mec into Eq.(17), critical 
pressure ratio b is expressed as In an outward flow, pressure pe at the outer edge 

divided by stagnation pressure p0 upstream is usually 
taken as pressure ratio for outward flow.  
The following formula holds for isentropic change: 
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Inward flow  

Combining Eqs.(2), (3) and (15) we have 
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Consider an inward flow in which the flow is reversed. 
In this case subscript e denotes upstream conditions, 
and subscript i downstream ones in Figure 1. Since 
most equations derived for an outward flow can be 
applied as well, we will describe here only those 
equations which need modification. It should be noted 
that velocity V is negative, so that shear stress τand 
friction factor f are negative. Consequently α in Eq. 
(10) should be replaced by 1/α 

 
By substituting pi in Eq.(16) into Eq.(13) and using 
Eq.(10), the pressure ratio p0/pi is obtained as follows:  
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Giving any value of Me into Eq.(21), we can get Mi. 
Equation (16) is modified as follows: 
 

 

12

0

2
11

−






 −
+

=
k
k

e

e

Mk

pp  (22) 
 
When substituting any Mach number Mi at the inner 
edge and Mach number Me obtained from Eq.(10) into 
Eq.(17), the pressure ratio pe/p0 corresponding to Mi 
can be calculated. 

 
In an inward flow, pressure pi at the inner edge divided 
by stagnation pressure p0 upstream is usually taken as 
pressure ratio for inward flow, which is expressed by 

Next, mass flow rate w is to be obtained.  Substituting 
Eqs.(1), (2), (16) and (15) into Eq.(4) we get 
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Substitution of Eq.(21) into Eq.(23) yields 
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  B 
When substituting any Mach number Me at the outer 
edge and Mach number Mi obtained from Eq.(21) into 
Eq.(17), the pressure ratio pi/p0 corresponding to Me 
can be calculated. 

 120mm 
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Using Eq.(21) mass flow w is expressed by  
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Figure 2 Test valve 
 

  
Choked flow rate w* is  RESULTS 
  

Flow characteristic 
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calculated results with the experimental ones for an  
  

When Mach number Mi at the inner end is unity, 
Eq.(21) is rearranged as 
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where Mec is the Mach number at the outer end 
corresponding to Mi=1. 
Substituting the value of Mec into Eq.(24), critical 
pressure ratio b is expressed as 
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(a) Outward flow 
  
When there is no friction loss, α becomes unity, and 
b=0.528, which coincides with the value for the 
isentropic flow in a convergent nozzle. 
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EXPERIMENT 

 
Figure 2 shows the test valve used. In an outward flow 
compressed air was fed from port A, and in an inward 
flow from port B. 
The supply pressure of air was kept 500 kPa abs, and 
air temperature was 290 K during experiments. The 
downstream pressure (pe for an outward flow and pi for 
an inward flow) was adjusted with a throttle valve 
placed downstream of the test valve. 
In Figure 1, actual dimensions are as follows:  
  Outer radius re=10 mm,  
  Valve seat hole diameter di=5 and 10 mm,   (b) Inward flow 
  Lap length LL=1, 3 and 5 mm.  
 Figure 3 Comparison between theory and 
  experiment, di =10 mm, LL=5 mm  
 

  



 outward flow with some modification in lap length 
explained later, and Figure 3(b) for an inward flow.   
The calculated results agree well with the experimental 
ones for inward flows. The values of critical pressure 
ratio are close to 0.528, the value of critical pressure 
ratio for isentropic flow in a convergent nozzle. 
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In an outward flow, however, calculated results did not 
agree well with experimental ones. And the calculated 
results deviate from the experimental ones as 
approaching choke flow. It can be deduced that flow 
separation might occur at the inner end. It would be 
necessary to estimate the lap length smaller than the 
real size. In Figure 3(a), LL was set to 0.9 mm instead 
of 5 mm in calculation, the difference in LL is 
considered to be the flow separation. After this 
modification, calculated results agree fairly well with 
experimental ones, as shown in Figure 3(a). 

 Figure 4 shows that for the same gap width choked 
flow rate w* for an outward flow is less than that for an 
inward flow. 

Figure 4 Comparison between outward and inward 
flows, di=5 mm, h=0.22 mm 

 As can be seen from Figures 5(a) and 5(b), critical 
pressure ratios for outward flows are greater than those 
for inward flows. 
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Effect of viscosity 
Throughout the experiment, gap width h was between 
0.1 and 0.3 mm. For such widths, α in Eq. (12) is 
approximately unity, and the viscous effect of air can 
be neglected. For smaller gap width, however, it would 
be necessary to take into consideration the effect of 
friction. 
Effect of lap length 
Figure 5(a) shows the experimental results of the effect 
of lap length on critical pressure ratio for outward 
flows, and Figure 5(b) for inward flows. In theory, the 
lap length only affects friction, which is very small in 
the range of experiment, the results for inward flows 
are reasonable. 

  
(a) Outward flow 

In outward flows, however, critical pressure ratio 
increases with an increase in lap length. 
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Critical pressure ratio vs. mass flow rate 
Figures 6 show the relations between critical pressure 
ratio b and choked mass flow rate w*. According to the 
theory, as can be seen from Eqs.(20) and (27), values 
of critical pressure ratio are independent of choked 
flow rate in frictionless flows (α=1). 
In experiment, choked mass flow rate w* gives little 
effect on b for both outward and inward flows as 
shown in Figures 6, and the theory agrees to the 
experimental results in the range of the experiment. 
More experiments with larger flow rates would be 
necessary, however, to confirm the validity of the 
theory. 
   (b) Inward flow  Figure 5 Effect of lap length           

  



5) Friction losses through the gap little affect the values 
of w* and b in the range of this study, i.e., gap widths 
larger than 0.1 mm. If the gap width were more 
reduced, however, the frictional effect would appear; 
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6) In outward flows, an increase in lap length increases 
critical pressure ratio, while in inward flows lap length 
little affects the value. 
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CONCLUDING REMARKS 
 
A theory is developed for flow characteristics between 
two parallel disks, and its validity is confirmed by the 
comparison with experimental results. In regard to 
outward flows, however, some discordance between 
theory and experiment is observed. 
Consequently, the following conclusions are drawn: 
1) In inward flows, flow characteristics can be 
predicted from the theory.  The value of critical ratio is 
close to that of convergent nozzle flow; 
2) In outward flows, some modification is necessary to 
apply the theory to flow characteristics, i.e., the lap 
length in lap length should be taken smaller than real 
size. 
This is considered to result from the separation at the 
inner edge of the gap; 
3) For the same gap width, the choked flow rate for 
outward flows is less than that for inward flows; 
4) Critical pressure ratio for outward flows is generally 
larger than that for inward flows; 
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